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PREFACE AND ACKNOWLEDGMENT

The universal joint, which is 2 mechanism for transmitting torque or rotary motion through an
angle, has been produced in many different design concepts. The origin of the universal joint can be
traced to the Thirteenth Century. Since that time, the universal joint, because of its unique kinematic
characteristics, has been studied by engineers, scientists, and mathematicians. Their combined
efforts have resulted in the publication of many theoretical and practical analyses and in the
development and application of many useful devices that are classified as universal joints. Consider-
able progress has been made in design innovations, analytical procedures, and manufacturing
techniques,

The SAE Universal Joint and Driveshaft Design Manual, was developed to present information
on the latest technologies practiced in the power transmission field, along with related references.
Another purpose of the design manual is to present explanations of the various subject matter that
will fulfill the varied needs of engineers, designers, students, and others associated with drivetrain
engineering and related activities.

Design guidelines and technology, from applicable dynamic and kinematic disciplines, are
described and explained in detail for a wide range of pertinent topics. These guidelines aid in the
establishment of new designs, improvements in existing designs, or solving specific problems.
These design guidelines are necessary for the analysis and evaluation of a universal joint, other
driveshaft components, or a complete driveshaft for a specific application. All information or data
described has been obtained from actual laboratory tests and substantiated by successful field
applications. Design and application practices which have been successfully used are described in
detail.

The following is a brief description of the subjects covered by the SAE Universal Joint and
Driveshaft Design Manual.

= All types of power transmitting mechanisms classified as universal joints, which are either of
the constant velocity or the nonconstant velocity types, are discussed. The description of
their concept, kinematic characteristics, functional capabilities, and design procedures are
presented in detail in an easy-to-understand format.

e The most commonly used driveshaft arrangements that couple universal joints to other
driveshaft and drivetrain components are explained, including functional characteristics and
detailed design procedures for the various components and attachment methods.

= All types of applications requiring the transmission of power from the power source to a
driven member are described, including operating requirements and design parameters for
many specific applications.

» Drivetrain disturbances, their sources of excitation, and the various methods of controlling
them are presented.

» Analytical procedures necessary for design analysis, evaluation, and application of universal
joints, driveshaft components, and complete driveshaft assemblies are shown for the first
time in one publication.

* The evaluation of universal joints, driveshaft components, and complete driveshaft as-
semblies by laboratory and vehicle testing is described.

* Pertinent references are listed at the end of chapters, sections, appendices, and in the
Bibliography, which substantiate the material presented and provide the opportunity to
obtain more detailed information on a particular subject.

Recognition and appreciation is expressed to the members of the Driveshaft Subcommittee of the
SAE Transmission and Drivetrain Technical Committee and to the many other SAE members who
have contributed their time, knowledge, and talents to this publication.

Special recognition is extended to Mr. E. R. Wagner, P.E., Secretary of the Driveshaft Subcom-
mittee of the SAE Transmission and Drivetrain Technical Committee, whose contributions and
organizational skills are self-explanatory.

Our gratitude and appreciation is expressed to the members of the SAE Editorial and Publication
Subcommittee of the SAE Transmission and Drivetrain Technical Committee, and especially the
Committee Chairman, Mr. E. L. Clary, P.E., for the efficient manner in which the many manus-
cripts for this publication were reviewed.
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Chapter 1

Driveline and Driveshaft
Arrangements and Constructions

E. R. Wagner, P.E. — Saginaw Steering Gear Div., GMC

TORQUE TUBE DRIVE

HOTCHKISS DRIVE

Fig. 1 — Basic drivelines

Introduction

In the classic layout of a typical automotive vehicle. the power
source, or engine, has been al the front and the drive at the rear, A
connecting shaft, or driveline. is required (o transmit the power
from the engine and transmission 1o the differential or final drive
unit. Basically, the driveline acts as a torsional clastic member in
a typical vehicle drivetrain and in its simplest form is a torsional
spring connecling two masses of relatively large rotating inertias
In a more practical sense, the driveline is an assembly of one or
more universal jointed solid or wbular driveshafts. Tt provides for
axial movement and transmits torque and rolational motion at a
fixed or varying angular relationship from one shaft to another.

For example. when the differential is pant of the flexibly
mounted or unsprung live, rigid axle. the driveline obviously
must provide for axial length changes and require universal joints
to accommaodate the relative angular moverment. Even when the
differential is frame-mounted, flexibility in the structure as well
as assembly tolerances generally do not allow the elimination of

universal joints and provisions for axial movement. Also, this
latter drivetrain layoul requires universal jointed axle driveshafls
or halfshafts connecting the sprung differential with the unsprung
wheels. In addition, these universal jointed axle driveshafts are
required on vehicles having the power source and driving wheels
located at the same end, such as front-located engine with front
drive. or rear-located engine with rear drive.

Basic Vehicle Driveline Types

The two basic types of main drivelines used in automotive
applications have been the torque tube drive and the Hotchkiss
drive (open driveline) constructions shown in Fig. | Typical
driveshafls used in these torque tube and open drivelines are
illustrated in Fig. 2.

The torque tube drive, now nearly obsolete. was once com-
monly used in passenger cars. In addition 10 transmitting driving

American Axle v. Neapco - IPR2025-00090
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TORQUE TUBE TYPE

OPEN DRIVELINE TYPE

Fig. 2— Driveshaft types

torque from the engine and transmission to the live rigid rear axle
differential. the lorque tube drive also had to resist torgue reaction
and transmit driving and braking thrust forces from the wheels to
the vehicle, through the torque ball located on its forward end.
This torgue ball contained an enclosed universal joint. There have
also been maodified torgue wbe drive constructions used with live
axles which differed somewhat from the conventional design in
functional and force transmitting characteristics or abilities. In
addition, there have been some torque tube driveshaft configura-
tions used wherein the rear differential has been frame mounted
and with no universal joinls incorporated in the dniveshafl.
Among the major disadvantages of the torque tube drive have
been high cost, adding 10 unsprung weight when used with a live
axle and the hollow tube acting as an amplifier, resulting in the
transmission of undesirable driveline noises and disturbances. In
addition, repair or servicing costs. if needed, tend to be high.

The open driveline design, having (wo or more universal joints,
is presently the most common means of transmitting power from
the engine and transmission (o the uxle final drive unit. With this
construction, only driveline torque is transmitted through the
driveshaft. The driving and braking thrust forces from the wheels
and the axle torque reaction forces are transmitted to the vehicle
through the suspension components. The only thrust forces im-
posed on the driveshaft are due to suspension motions, pow-
erplant movements, and wind-up or wind-down of the rear axle
carrier nose, especially under conditions of high torque applica-
tion. Among the major advantages of the open driveline are: low
cosl, ease of manufacture, reduced vehicle weight, and ease of
mstallation and servicing. Also, the open driveshaft allows the
flexibility to design a satisfactory driveline arrangement to meet
widely varying vehicle installation requirements.

Driveline Arrangements

Because of widely varying application requirements,
drivelines can be designed in numerous arrangements, Generally,
drivelines are designed in (wo-joint or multijoint shaft arrange-
ments. Fig. 3 illustrates typical passenger car driveshaft arrange-
ments where two or three universal joints are usually used in the
main driveline.

,_..‘

CARDAN
UNIVERSAL
JDINT

¢ A
\J
z——_"\.‘
DOUBLE CARDAN (&)
UNIVERSAL Jomri ; 7
k™
%
ot
e
SHAFT SUPPORT }
HEAR!NG { .
L. g S
Jo)
“M‘f-vv-r”//\
\ -
‘i_ ;

g

Fig. 3 — Typical passenger car driveline arrangements

The use of trucks with more than one driving axle in military
applications led to a commonly used system of designating drive-
train configurations for these and other on-highway and off-
highwuy vehicles. Thus, a 4 x 2 truck is a four-wheel truck with
two-wheel drive, and a 4 x 4 truck is a four-wheel truck with
four-wheel drive. There are also 6 x 2, 6 x 4. and 6 x 6 trucks

American Axle v. Neapco - IPR2025-00090
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Fig. 7 — Typical 6 x 6 truck driveline arrangements

which are six-wheelers with drive on two, four, and six wheels
respectively. Figs. 4, 5, 6, and 7 show typical main driveline
arrangements for these various types of vehicles.

In addition to main driveline arrangements, certain vehicles
also incorporate universal jointed axle driveshafts or halfshafts in
the drivetrain system. Fig. 8 illustrates a typical 4 x 4 vehicle with
front and rear live rigid axles, where a universal joint is thus
required at each front steerable wheel. Fig. 9 shows atypical 6x 6
vehicle with independent suspension at all wheels. Also, vehicles
which have the powerplant and driving wheels located at the same
end, such as front engine with front drive or rear engine with rear
drive, require universal jointed axle driveshafts. Fig. 10 illus-
trates the driveline arrangement of a typical small front wheel
drive passenger car. Also shown in this illustration is a typical
universal jointed steering shaft generally required for such a
vehicle.

Agricultural implements incorporate various driveline ar-
rangements between the tractor's power take-off drive system and
the implement. Fig. 11 shows a typical two-joint shaft arrange-
ment with the tractor and implement in various relative angular
relationships to each other.

Various driveline arrangements are also used in railway,
marine, industrial, and stationary drive applications, Fig. 12
illustrates a typical Diesel locomotive driveline arrangement and
Fig. 13 shows a typical cargo pump drive system.

Driveline Constructions

Depending on the widely varying application requirements,
driveline constructions can assume numerous design configura-
tions in order to accommodate the necessary relative angular and
axial movements. In the chapter on Universal Joints, numerous
joint constructions are described. Depending on their design
characteristics, some of these joints may be used in a wide variety
of applications where angular motion only is required, while other
joints have limited application. Besides providing angular
movement, some joinls also accommodate axial stroke simul-
taneously. In addition, various types of driveline splines and axial
motion mechanisms are described in the chapter on Splines and
Axial Motion Devices.

In typical passenger car and truck applications, the two-joint
driveshaft incorporating Cardan universal joints represents the

American Axle v. Neapco - IPR2025-00090
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Fig. 8 — Typical driveline arrangement of 4 x 4 vehicle with ﬁ::l_&c
front and rear live, rigid axles

Fig. 9 — Typical driveline arrangement of 6 x 6 vehicle with
independent suspension at all wheels

RACK & PINION
STEERING GEAR

Fig. 10 — Typical small FWD L
steering shaft Ertangements passenger car driveline and
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Fig. 11 — Typical driveline arrangement between tractor and
agricultural implement showing required relative movement

FRONT

Fig. 12 — Typical driveline arrangement of Diesel locomotive

most commonly used driveline construction. This construction is
generally referred to as either a two-joint outboard slip or a
two-joint inboard slip driveshaft, depending on the location of the
slip spline or other axial motion device. The two-joint outboard
slip driveshaft is a driveshaft or part of a driveline with a universal
joint at each end. Axial movement is provided outboard of joint
centers. This type of shaft, illustrated schematically in Fig. 14(a),
is commonly used in passenger car applications. The two-joint
inboard slip driveshaft is a driveshaft or part of a driveline with a
universal joint at each end. Axial movement is provided inboard
of joint centers. This type of shaft, shown schematically in Fig.
14(b), is usually used in truck applications. A two-joint driveshaft
construction without provision for axial or telescopic motion,

SHAFT SUPPORT
BEARING

Fig. 13 — Typical cargo pump drive system

REAR

FIXED SPLINE

\%’sup SPLINE

\%:(b
TR

)

)

9%
g)é"/

(c)
Fig. 14 — Two-joint driveshaft constructions

illustrated schematically in Fig. 14(c), is also used in certain
limited applications as a structural member to resist thrust forces
in addition to transmitting torgue.

Fig. 15 shows a two-joint outboard slip driveshaft with various
typical Cardan joint yoke, bearing, bearing retainer, and tube

American Axle v. Neapco - IPR2025-00090
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Fig. 15 — Two-joint outboard slip driveshaft

constructions. Additional yoke, bearing, and bearing retainer
constructions are described in the section on the Cardan joint. Fig.
16 illustrates a typical two-joint inboard slip driveshaft construc-
tion.

Three-joint drivelines, which are are used in some passenger
cars, are more oflen required in truck applications. A shaft sup-
port bearing at an intermediate position must be used in these
two-piece driveline arrangements. Various support bearing de-
signs are shown in the chapter on Shaft Support Bearings. Fig. 17
illustrates schematically two common types of shaft constructions
used in truck drivelines. The front section of these shaft construc-
tions is referred to- as a single joint coupling shaft. It is the
coupling member or mémbers of a multiple joint driveline which
consists of a universal joint, tube, shaft support bearing, and a slip
or fixed spline shaft. In a multiple joint driveline, when more than
one support bearing is necessary, these coupling shafts can be
connected in series as required. In Fig. 17(a), a slip spline shaft is
shown at the support bearing. Hence, the rear section must be of
the two-joint outboard slip driveshaft construction in order to
accommodate the axial travel required by rear axle movements. In
Fig. 17(b), an interference or permanent fit (fixed) spline shaft is

Fig. 16 — Two-joint inboard slip driveshaft
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Fig. 20 — Agricultural implement PTO driveshaft

illustrated at the support bearing. Therefore, the rear section must
be of the two-joint inboard slip driveshaft construction in order to
accommodate the required axial stroke. In both of these shaft
constructions, an interference or permanent fit spline is shown at
the front or transmission end, as well as at the rear end.

1t is possible to employ both of these shaft constructions with a
slip spline at the front instead, as shown schematically in Fig. 18
(a) and (b). This design concept, most often found in passenger
cars, can reduce the driveline cost and readily accommodate
vehicle build tolerances. Fig. 19 illustrates such a typical two-
piece passenger car driveshaft featuring a Cardan, double Cardan,
and Cardan joint in series. Since a slip spline is employed at the
support bearing, the rear section of the driveline must be of the
two-joint outboard slip driveshaft construction as shown schemat-
ically in Fig. 18(a).

When a passenger car is equipped with independent rear sus-
pension, the main driveline is not required to accommaodate axial
travel due to rear wheel movements. Hence, when a two-piece
driveshaft is necessary in such a vehicle, a slip spline is required
only to provide build tolerances. A shaft construction with a slip
spline at the front, as illustrated schematically in Fig. 18(c), has
been ust:.d. ) o Fig. 21 — Light-duty truck axle driveshaft with Cardan joint for

In agricultural implement applications, a typical two-joint in- front live, rigid axle
board slip driveshaft construction, such as shown in Fig. 20, has
been commonly used. This telescoping power take-off driveshaft
incorporates a quick-disconnect yoke design for ease of attach-
ment (o the tractor's power take-off drive system and a safety
shield. The chapter on Agricultural Implement Driveshafis de-
scribes other typical driveshaft constructions being used.

Axle driveshaft constructions of various designs have been

used depending on the vehicle application requirements and are ‘ )
described in the chapter on Axle Driveshafis. Fig. 21 illustrates a Tj&cﬁi_d;:m passenger car axle driveshaft with constant
typical axle driveshaft with a Cardan joint which is used at the
front steerable wheel of a live, rigid axle for a light-duty truck.
The universal joint is positioned inside the commonly used open
steering knuckle construction. Axle driveshafts which are
employed with independent wheel suspensions, in general, re-
quire universal joints other than the common Cardan joint. Fig. 22
shows a typical axle driveshaft or halfshaft with constant velocity
joints for a front drive passenger car. The chapter on Universal
Joints describes various joint designs which may be used for axle
driveshafts depending on the application requirements.
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Section 2.1
Driveline Functions

D. W. Holzinger — Spicer Universal Joint Div., Dana Corp.

The driveline or driveshaft in an application must perform
certain basic functions which vary in importance from one appli-
cation to another. The four basic functions which the driveline
must fulfill are:

Torque

The primary purpose of the driveshaft in an application is to
transmit torque through an angle between the power source and
the driven member.

Rotation

The driveshaft must be capable of rotating through a speed
range as required by a given application,

Angles

The universal joints used in a driveshaft must be capable of
operating at fixed or varying angles of the intersecting shaft rota-
tional uxes.

Length Changes

Most driveshaft installations require some means of compen-
sating for or effecting shaft length changes. In a typical two-joint

15

driveshaft, these length changes or axial movements may oceur as
follows:

1. Between the universal joint centers.

2. ‘At one or both ends vutside of the universal joint centers.

3. Within one or both universal joints which have end motion

;:apabilities.

Since the driveline is essentially a rotating power transmission
element in a drive system. it depends upon the driving and driven
members for its support. The dynamic characteristics of these
supports can substantially influence the driveline in operating
smoothly, while performing its required functions. These func-
tions determine the dynamic operating characteristics of the
driveline and theireffects on the application’s overall system, Itis
important to evaluate these functions and to consider their effects
in the selection of a driveline for a given application.

[n summary. the four basic functions that the driveline is ex-
pected 1o satisfy are torque. rotation. angles. and length changes.
In conjunction with these basic functions, the means of support
for the driveline provide an important contribution in the success-
ful performance of these functions.

References
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Section 2.2
Application Parameters and Established Practices

D. W. Holzinger — Spicer Universal Joint Div., Dana Corp.
R. W. Powers — Oldsmobile Div., GMC
J. M. Lyons — Mack Trucks, Inc.

Introduction

The design of a driveline or driveshaft requires consideration of
the basic functions which it is expected to perform in conjunction
with the specific application parameters of the intended applica-
tion. The driveline’s basic functions are described in the previous
section on Driveline Functions.

In correlating the driveshaft’s functions with the required ap-
plication parameters, design limits relative to torque capacity,
performance, and life expectancy or durability, must be estab-
lished. These limits may be of the evolutionary type, such as those
which have been obtained through experience and successful per-
formance in applications, or by evaluation of the design parame-
ters with the use of a computerized mathematical model. It is good
practice to substantiate the results of the mathematical analysis
with physical test procedures such as laboratory and field tests.
Once established, these limits and test data can serve as useful
design guidelines or practices and together with the application’s
requirements, a satisfactory driveline can be designed for the
intended application.

The following application parameters and established practices
apply, in particular, to vehicle main or longitudinal drivelines,
while those requirements related specifically to accessory drives,
agricultural implement driveshafts, and axle driveshafts are dis-
cussed in the chapters pertaining to those shaft constructions.
Also, the following established practices can apply to numerous
other drive system possibilities when properly altered or modified
for a specific application.

Durability

The driveline in an application must be capable of functioning
satisfactorily for the intended life expectancy when subjected to
all the operating requirements for which it is designed. Each
driveshaft design has an operating capability which is basically
the durability or life of the driveshaft assembly.

Based on a comprehensive knowledge and understanding of all
the parameters pertaining to an application, it is possible to design
a driveshaft for the application. The complete driveshaft should
have the torsional strength characteristics to transmit the torque
without premature fatigue failure. The driveshaft universal joints
must have a bearing design that is capable of transmitting the
torque and speed through the required joint angles and under the
environmental conditions encountered. The slip splines or other
axial motion means employed must be capable of accommodating

the required length change and be designed with adequate wear
life and lubricant retention to withstand the combined effects of
torque, axial motion, and environmental conditions. The
driveshaft design dimensions must be proportioned so as to
minimize the effects of the dynamic forces and have adequate
stiffness or a large enough diameter to operate safely at the
maximum operating speed.

The durability of a driveshaft or the final substantiation that the
design will meet the intended requirement is most effectively
established by actual vehicle tests, These tests can be used to
determine the effects of torque, speed, joint angles, length
changes, environment, vibration, and manufacturing limits on the
life and suitability of the design for the application.

Torque Capacity

The driveline in an application must be capable of transmitting
the maximum torque developed by the drivetrain. In a typical
application, the drivetrain may be subjected to various torsional
loading modes during its service life. These torque loads can be
applied steadily under static or rotating conditions or the drive-
train may be subjected to intermittent shock or impact type tor-
sional loads which, depending on the source or origin of these
loads, can be considerably higher than the maximum computed
steady load.

For example, the torque requirements for a typical passenger
car driveshaft are selected on the basis of the vehicle's weight, the
normal continuous operating torque, and the maximum short du-
ration torques resulting from normal vehicle usage. Also, the
passenger car's weight as well as the design and functional
characteristics of the entire power train and drivetrain system
determine the maximum levels of various shock torques which
may be achieved in a vehicle. The driveshaft must be capable of
safely transmitting these maximum torques which can be de-
veloped by various abusive loading modes as described in the
following section on Design Torque Considerations.

The continuous operating torque is representative of that torque
which the driveshaft is required to transmit for the greatest per-
centage of time during the vehicle’s life expectancy. This torque
is dependent on the transmission output torque required to propel
the car at normal highway cruising speeds.

The maximum short duration torque is the greater of either the
engine torque multiplied by the torque converter stall and trans-
mission low gear ratios, or the wheel slip torque. In most cases,
the passenger car is tractive limited and, therefore, the maximum
short duration torque will be controlled by wheel slip. This condi-
tion is generally true for the larger cars where engine size and
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Fig. 1 — Typical passenger car rear axie movements affecting

driveline geometry

transmission gear ratios are in excess of that required for normal
performance. It is always prudent to compare both the maximum
engine delivered and wheel slip torques. This mathematical pro-
cedure is shown in the Vehicle Driveline Analysis section of this
chapter for various typical vehicles.

The various torsional loading modes described for passenger
cars also apply, in general, to truck drivelines. The loading sever-
ity on the driveshaft, however, can vary greatly depending on the
usage of the specific vehicle. In passenger car and light-duty truck
applications, the lower gears are not as widely used as in medium
and heavy-duty trucks. In off-highway vehicles, the percentage of
the total operating time which is spent in the lower gears is still
greater. Since the maximum torque operating time in these vehi-
cles is much longer by comparison, and the lower gear torques are
used considerably more, additional information about the applica-
tion's operating characteristics must be known in order to predict
universal joint life. For these vehicle applications, a load or duty
cycle must be established in order to determine a total life expec-
tancy. This procedure is shown in the Duty Cycle Determination
section of this chapter.

Rotational Speed

Depending on the application, the driveline may be required to
rotate through a relatively large speed range, which can vary from
zero to the engine’s maximum speed. In addition, higher speeds
can result from engine ‘‘overspeeds’” and/or gear unit overdrive
ratios. Consequently, the driveshaft must be capable of perform-
ing safely for sustained periods of time at the peak operating speed
of the drivetrain for which it is intended.

This speed capability requires that the critical speed of the
driveshaft must be higher than the maximum design rotational
speed of the drivetrain. To avoid operation in the critical speed
range, the accepted practice for typical passenger car and light-
duty truck applications has been to design the driveshaft and
powerplant (engine and transmission) so that the peak operating
speed encountered is equal to or less than 85% of the driveshaft’s
true critical speed. For medium and heavy-duty truck applica-
tions, the peak operating speed of the driveshaft should be equal
to or less than 75% of the shaft's critical speed.

These critical speed design practices or guidelines can limit the
maximum permissible installed length of the driveline as well as

the minimum tube diameter and the maximum tube wall thick-
ness. Therefore, if the required shaft length and the available
underbody clearance space do not permit the use of a commonly
used one piece driveshaft, a two piece or multipiece driveline
must be employed to meet the critical speed and clearance re-
quirements. The subject of critical speed is discussed in detail in
the chapter on Critical Speed.

Universal Joint Angles

The universal joints of the driveline must be capable of operat-
ing through the required range of angles at varying torque loads
and operating speeds without causing objectionable disturbances.
The true universal joint angles of the driveline can be established
by means of a layout or by a computer analysis procedure at the
normal and extreme operating conditions.

Fig. 1 illustrates schematically the rear axle movements of a
typical passenger car which affect its driveline geometry. By
means of a layout computation or computer analysis procedure, it
is possible to determine the location of the universal joint centers,
true joint angles and shaft length changes, or axial movement of
the driveshaft for all positions of rear wheel and axle carrier nose
movement. In addition, from this study, the operating envelope of
the driveshaft can be determined and, therefore, disclose the
necessary underbody clearances that must be provided. The de-
termination of the maximum varying joint angles resulting from
the given application's requirements is extremely important in the
design of a universal joint. Interference of joint components at the
extreme instantaneous angle condition can result in joint failure.

The permissible magnitude of the continuous or normal design
operating angles of the driveline's universal joints, as well as the
relative values of these angles when they are not equal, requires
particular consideration in determining the optimum driveline
geometry. Depending on the application parameters, both con-
stant and nonconstant velocity type of joints have limitations on
the continuous operating angles due to their specific design and
functional characteristics, as described in the chapter on Univer-
sal Joints.

For example, the Cardan joint is commonly used in automotive
vehicle drivelines, as shown schematically in Fig. 1;and, because
of its nonuniform motion characteristics, the maximum size of the
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true joint angles at a normal continuous operating condition must
be limited. This limit is necessary in order to control certain
inherent objectionable disturbances. These disturbances are gen-
erally related to torsional, inertia, and secondary couple ex-
citations which are produced by the Cardan joint’s nonconstant
velocity motion characteristics reacting on the driveshaft and its
supporting members. These excitations and their effects are de-
scribed in detail in the section on the Cardan or Hooke Universal
Joint and also briefly in the chapter on Vibration Control.

For the entire range of rear axle movements illustrated in Fig.
1, the front and rear joint angles for a typical passenger car one
piece driveshaft are shown in Fig. 2, while Fig. 3 illustrates the
torsional equivalent angles. Although they are not shown, it is
also possible to determine by layout computations or computer
analysis other driveline kinematic characteristics such as inertia
equivalent angles and secondary couple forces as required. By
studying Figs. 2 and 3, it is apparent that the selection of joint
angles and resulting kinematic characteristics for the design posi-
tion represent an optimum compromise in a driveshaft application
where widely varying operating angles may be possible. Gener-
ally acceptable limits for the various excitations which are
explained in detail in the section on the Cardan or Hooke Univer-
sal Joint are described briefly as follows:

Torsional Excitation Limits

The amplitude of torsional oscillation produced by the Cardan
Jjoints, which can be accepted without causing excessive distur-
bance, depends upon the operating speed of the driveshaft and the
characteristics of supporting structures and other units in the
drivetrain. Experience has shown that if this form of excitation is
maintained under approximately 400 rad/s® maximum angular
acceleration in any continuous operating position and speed, the
driveshaft, in general, will perform satisfactorily in passenger car
and most truck installations. In some other applications, this tor-
sional excitation level may be increased and still provide satisfac-
tory performance.

REAR AXLE TRAVEL, INCHES
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Inertia Excitation Limits

This excitation is produced by the oscillating torque loads re-
sulting from the driveshaft inertia being accelerated through
nonuniform motion. Automotive vehicle installations are ex-
tremely sensitive to this type of excitation and to the disturbance it
creates. For typical passenger car and light-duty truck two-joint
driveshafts, which are quite long and have a relatively large shaft
inertia, the acceptable excitation level must be kept under a
maximum angular acceleration of approximately 1000 rad/s® in
any continuous operating position. When the shaft inertia is rela-
tively small, as is often the case in many multipiece truck
drivelines, the maximum angular acceleration can be increased to
2000 rad/s?. In some other applications, this inertia excitation
level may be increased further without causing excessive distur-
bance.

For the numerous driveshaft applications where the accepted
maximum acceleration level is 1000 rad/s?, Table 1 may be used
as an application guide for determining permissible operating
joint angles. In this table, the angles and speeds are continuous
conditions for a one piece, two-joint driveshaft with equal joint
angles.

Table | — Allowable Operating Joint Angles

Driveshaft
Speed, rpm Maximum Operating Angle, Deg
5000 330
4500 3 50
4000 4° 20
3500 5° 00
3000 5° 45
2500 6° 55
2000 8° 40"
1500 11° 30"

Secondary Couple Excitation Limits

This excitation is caused by the Cardan joints transmitting
torque at an angle. The secondary coupies react about the shaft's
supporting members and are equivalent to a static force plus an
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oscillating force with a frequency of two cycles per revolution.
The magnitude of the excitation depends on the transmitted
torque, joint angle size, supporting bearing spans, and phase
relationships of the joint yokes.

The shaft support bearing used at an intermediate location in a
typical automotive vehicle three-joint, two piece driveshaft is
quite sensitive to this excitation because it usually has a well
defined resonant frequency. The secondary couple forces will
excite the support bearing at a shaft rotating speed equivalent to
one half of the resonant frequency due to the fact that the oscillat-
ing force occurs twice per revolution of the shaft,

Experience in vehicle driveline installations having shaft sup-
port bearings has shown that the dynamic or rotating couple force
should be maintained under a certain maximum value in order to
prevent an objectionable shudder type of vibration. In Table 2 are
shown the limits on the oscillating force, which have been found
to be generally acceptable at maximum transmitted torque occur-
ring during low speed accelerating conditions of the vehicles
indicated. As previously indicated, these rotating couple forces
act twice per driveshaft revolution on the shaft support bearing.

Table 2 — Maximum Dynamic Couple Forces
Maximum Dynamic (Rotating)

Installation Couple Force, Ib
Passenger Cars 8
Light-Duty Trucks 15
Medium-Duty Trucks 25
Heavy-Duty Trucks 75
Length Changes

Driveline length changes or axial movements are required dur-
ing varying operating and loading conditions in an application, as
well as for those length changes necessary to facilitate assembly
and disassembly. Additional length changes are also necessary to
accommodate vehicle build tolerances and to compensate for the
effects of temperature change.

More specifically, the driveshaft length changes during opera-
tion of a typical automotive vehicle are due to the extremes of
suspension travel as shown in Fig. 1, ranging from full jounce to
full rebound positions, as well as rear axle carrier nose windup
and winddown. In addition, flexibility in the structure such as
frame twist and compliance or deflection of the engine and trans-
mission rubber mounts at the front and suspension rubber bush-
ings at the rear, affect these length changes. All of these variations
in shaft length must be studied in order to determine the required
total axial motion or slip capability of the driveshaft. These length
variations can be determined by means of a drivetrain layout or by
its computerized equivalent.

In order to most accurately determine the changes in length, the
dynamic operating conditions of the drivetrain can also be simu-
lated with a computer program. High torque loads, when applied
to the drivetrain, cause the various drivetrain members to shift 1o
new positions from their initial static locations. The dynamic
operating position of the drivetrain is necessary in order to predict
the true driveline geometry (true joint angles and length) for a
particular dynamic condition.

Typical driveshaft constructions which provide for length
changes are described in the chapter on Driveline and Driveshaft
Arrangements and Constructions. Conventional sliding or slip
splines are generally used to accommodate these length changes.
When end movement is required during high torsional load appli-
cations on the driveline, the resulting axial thrust forces produced
by the slip spline may be excessive depending on its design and
are, therefore, undesirable. The chapter on Splines and Axial
Motion Devices describes splined mechanisms and end motion
type universal joints suitable for various applications, as well as
means of reducing these high thrust loads, which can be detrimen-
tal not only to the driveshaft itself but also to the supporting
bearing structures of the other drivetrain members,

Clearances

The driveline in an application must be provided with adequate
clearances during varying operating and loading conditions. In a
typical passenger car application, for example, operating clear-
ances must be provided for such underbody components as the
floor pan, exhaust system, brake control cables, or any other
obstructions which could be placed within the operating envelope
of the driveshaft. This envelope is determined by the rear suspen-
sion travel and axle differential carrier nose windup and wind-
down, as well as the swing diameter of the universal joints, tube
and driveshaft mounted vibration control devices. The actual tol-
erances on clearances of such components as the exhaust system
is mainly dependent on available space. It is always desirable to
keep the exhaust system as far away as possible because of its high
temperatures. The floor pan, however, is usually designed so that
the driveline tunnel in the passenger compartment can be made as
low as possible for maximum utilization of the interior space for
passengers.

The critical speed for the driveshaft required in a given applica-
tion depends on the peak operating speed of the drivetrain. This
critical speed requirement can restrict or limit the permissible
maximum installed length of the driveshaft as well as the
minimum tube diameter and the maximum tube wall thickness.
As previously explained for a typical passenger car driveline
shown in Fig. 1, the driveshaft must operate within an envelope
and this envelope should provide adequate underbody clearances,

In order to solve underbody clearance problems in a typical
vehicle, it is often possible to reduce this tube diameter along
certain portions of the shaft length where a minimum effect on
critical speed occurs. This procedure is possible when the tube
size possesses excess torsional strength and was chosen only for
critical speed considerations. Since the effect on critical speed is a
minimum at or near the ends, the usual practice in passenger car
driveline design is to reduce or swage one or both ends of the
tube as required to provide the necessary clearance while still
satisfying the torque and rotational speed requirements of the
application.

If the required shaft length and the available underbody clear-
ance space do not permit the use of a commonly used one piece
driveshaft, a two piece driveline may be employed to meet the
critical speed and operating clearance requirements. In addition to

American Axle v. Neapco - IPR2025-00090
PET _AAM 1012-0028



the various underbody clearances, the passenger car driveline
must also be provided with adequate ground or road clearance
which a typical on-highway vehicle may require during normal
service.

In many truck applications, multipiece dnveshafts are exten-
sively used. The front section or sections of these shaft construc-
tions are called single joint coupling shafts, which operate in
relatively fixed positions. The rear section is either a two-joint
outboard slip or a two-joint inboard slip driveshaft design. When
only one single joint coupling shaft is employed, its front end is
attached to the transmission or other drivetrain gear unit, while
near its rearmost end it is supported by a shaft support bearing,
which is generally attached to a frame cross member. When an
additional single joint coupling shaft or shafts are required, they
are commonly coupled in series by attaching them to the rear of
the preceding coupling shaft. Also, these additional coupling
shafts are attached to frame cross members with shaft support
bearings. Besides being provided with operating clearances for
the typical underbody obstructions as previously described for the
passenger car, the front section or sections of multipiece
drivelines must have adequate clearances at the truck frame cross
members. Usually, in these multipiece drivelines, only the rear
two-joint driveshaft section must be designed to accommodate
clearances due to suspension and axle movements.

Another clearance problem which must be analyzed, especially
with regard to off-highway operation of trucks, is terrain clear-
ance. The variation in the terrain, including obstructions or
hazards found on this terrain, may interfere with the driveline in
performing its principal functions. Therefore, the driveshaft
should be positioned so that it will not interfere with or contact the
variations in the terrain. If this is not possible, protection should
be provided for in the form of a skid plate or shield.

In the case of an all wheel drive installation such as in a typical
four-wheel drive vehicle, the front driveshaft extending from the
transfer case to the front differential can present an additional
clearance design problem during front suspension and axle
movements. This shaft must have sufficient clearance as it passes
the transmission and engine to the front axle, and because of its
required location in some vehicle applications, the maximum tube
diameter may be limited.

A factor which can affect the design parameters of the front
driveshaft is whether the four-wheel drive vehicle is capable of
full-time or only part-time four-wheel drive operation. If the ve-
hicle is designed with a full-time four-wheel drive system, then
both torsional strength and critical speed must be considered in
selecting the tbe size. However, when the driveshaft's length is
relatively short, which is the case in most of these vehicles, the
tube size can usually be based primarily on torsional strength and
not critical speed to meet the application’s requirements. In a
part-time four-wheel drive system, the all-wheel driving mode is
limited to a relatively low speed range of the vehicle and thus
torsional strength and not critical speed is most often the major
factor in determining the required tube size.

Environment

The driveline must be capable of operating satisfactorily in
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extreme or adverse environmental conditions as dictated by the
application’s requirements. This capability requires that the
driveshaft may have to operate for sustained periods of time with-
out functional damage to such vital driveline components as uni-
versal joints, splines, and shaft support bearings, as well as
breakdown or deterioration of the lubricants used in these com-
ponents.

These driveline components have seals which are usually of
elastomeric or part elastomeric material construction. These vital
seals must withstand exposure to adverse or detrimental environ-
mental conditions which can include dust, sand, dirt, mud, and
other foreign particles or substances as well as temperature, mois-
ture, humidity, salt spray, and destructive atmospheric elements
such as ozone. Of these environmental effects, the levels of vehi-
cle underbody ambient temperatures in the areas of the joints, as
well as actual joint temperatures, have been found 1o be quite
important to the life of the driveshaft,

When conventional Cardan or double Cardan joints are utilized
in a typical automotive vehicle driveshaft, the highest joint bear-
ing temperatures will commonly occur in those yoke members
which are attached directly to the transmission output shaft at the
front and to the final drive pinion shaft at the rear. These higher
joint bearing temperatures result from additional heat being con-
ducted from the transmission and final drive unit thru the con-
necting shafts. In general, sustained high speed level road driving
does not yield the highest joint ambient or bearing temperatures.
Driving in congested city traffic, for example, usually results in
higher temperatures. The negotiation of relatively steep grades for
an extended period of time will generally develop the highest
operating temperatures. Also, certain controlled idle operations
can produce higher temperatures than high speed level road driv-
ing. In addition, immediately after the engine has been tumed off
following any sustained vehicle operation, an additional tempera-
ture increase may occur for a short period of time. Hence, depend-
ing on the application, special sealmaterials and lubricants may
be required in the driveline components if extremely high temper-
atures or other adverse environmental conditions are encountered.

Design and Manufacturing

The driveline must be designed and manufactured within pre-
determined specifications so that it can perform its basic functions
and meet the various application requirements for its intended life
expectancy. Practical limits for satisfactory driveshafts have been
established through design and manufacturing experience as well
as successful performance in their particular applications.

For example, a driveshaft rotating at high speed must be main-
tained at a satisfactory level of dynamic balance to prevent vibra-
tional disturbances from reaching objectionable levels. The
amount of unbalance which can be tolerated depends upon the
sensitivity of the driveshaft’s end supports. The need for an addi-
tional shaft support bearing in a two piece driveline provides still
another mounting to the drive system that can transmit distur-
bances.

Driveshaft balance is a function of shaft weight and straight-
ness, tube ovality and control of the dimensions that affect clear-
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ances. Hence, good design practice and manufacturing quality are
important in achieving good dynamic balance. The chapter on
Balancing describes typical commonly used manufacturing
unbalance limits for passenger car and truck driveshafts. The
chapter on Tubing lists typical straightness and ovality toierances
for various sizes of commonly used tubing.

With regard to the universal joints employed in a driveshaft,
limits on optimum clearances within these joints, as well as a
specified articulating, rocking, or flexing torque, should not be
exceeded, otherwise objectionable vibration may result and uni-
versal joint life may be reduced. When the limits on optimum
clearances between mating components of the driveshaft slip
member are exceeded, objectionable vibrations or noises may
also result. Further, when axial thrust forces are excessive during
shaft length changes, the effects on the driveshaft itself and on the
shaft supporting members may be detrimental.

Attachment

The attachment of a driveline to other drivetrain members in an
application can be accomplished in a number of ways as described
in the chapter on Driveshaft Attachment Methods. These other
drivetrain members also serve as the supporting means for the
driveline. Since the driveshaft is an integral member of the drive-
train, the characteristics of these supporting members, the method
of antaching the driveshaft to these members, and the design of the
attachment means have a major influence on the shaft in per-
forming its required functions and in attaining its intended life
expectancy.

The attachment means chosen or required must have sufficient
strength to withstand the forces which may result from the func-
tional requirements and operating characteristics of the applica-
tion. Also, the ease of assembly and disassembly, for servicing,
should be considered when selecting a particular attachment
method. In addition, economic considerations may influence the
usage of a certain attachment design instead of an alternate pro-
posal in relatively high volume production, such as for passenger
car applications,

A typical passenger car one piece driveshaft, utilizing conven-
tional Cardan or double Cardan joints, is generally attached to the

transmission output shaft by means of a slip spline connection
incorporated in the front universal joint. At the rear, the driveshaft
is usually attached to the final drive pinion gear shaft with an end
yoke or with a flange yoke and companion flange using appro-
priate fasteners of sufficient strength. The size of the fastener
must be large enough to retain the driveshaft at maximum torque
and it should not prematurely fatique under the effects of the
various operating requirements. When a two piece driveline is
incorporated in the vehicle, the shaft must also be attached to the
vehicle's structure at an intermediate location with a shaft support
bearing having a bracket configuration suitable for attachment.
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Section 2.3
Design Torque Considerations

E. R. Wagner, P.E. — Saginaw Steering Gear Div., GMC

It was stated previously that for any specific application, the
maximum applied torque, however developed, must be consid-
ered in driveline system or component design. The drivetrain is
subjected to various torsional loading modes during typical vehi-
cle testing or actual service. These torque loads can be applied
steadily under static or rotating conditions or the drivetrain may be
subjected to shock or impact type torsional loads which, depend-
ing on the source or origin of these loads, can be considerably
higher than the maximum computed steady load. The magnitude
and frequency of occurrence of these torsional load pulses during
operation will vary considerably with the specific vehicle applica-
tion and the characteristics of the complete engine, clutch, trans-
mission, and drivetrain system to and including the road wheels.
Therefore, in the design of a driveshaft or any of its components
for a specific application, a suitable safety factor for these shock
or impact effects must be used based on past experience with a
similar installation. Also, the actual peak shock loading can be
determined readily with an instrumented drive system.

The computation procedures determining the maximum torque
developed by the power trains of some typical vehicles is illus-
trated in the following section on Vehicle Driveline Analysis. Also
for each vehicle, the maximum driveshaft torque due to tractive
effort or wheel slip is computed to show its magnitude relative to
engine delivered torque. Although it is not shown, the maximum
engine delivered torque in the various drivetrain components can
vary due to the different maximum torque multiplication ratios
possible in the gear reduction units which may be used in a given
application as optional equipment. Also, the maximum tractive
effort torque can vary substantially when various tire sizes and
axle ratios are employed. Therefore, not only is the level of the
maximum transmitted torque affected, but also the normal or
continuous operating torque level will vary. In addition, the
operating speeds of the driveshafts in the main driveline system
and of the axle driveshafts are affected. For example, when a
typical rear drive passenger car is being driven on a level highway
at constant car speed, the driveshaft will experience a higher road
load torque with a lower numerical axle ratio than with a higher
numerical axle ratio. However, with regard to rotational speed,
the driveshaft will rotate more slowly with the lower axle ratio
than with the higher axle ratio when this same vehicle is operating
at constant car speed. Thus, the vehicle's entire drive system must
be studied with regard to various possible combinations of torque
and rotational speed which can affect the driveline component
design parameters.

In the computations in the following section on Vehicle
Driveline Analysis, neither the maximum engine developed
torque nor the torque resulting from tractive effort include possi-
ble shock or impact effects. Depending on the type of vehicle
considered, these shock or abusive loads can be imposed on the
driveline by various means either by testing procedures or during
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actual service. Vehicle manufacturers utilize various typical con-
trolled test procedures to determine these shock peaks with in-
strumented vehicles. When a manual transmission is employed,
for example, a severe shock torque can be developed on a dry
paved surface during the commonly called *‘clutch pop'’ proce-
dure.

Another common method of inducing severe shock torque in
the driveline is with the “‘rock cycle™ procedure, which can be
readily accomplished with a typical automatic transmission
equipped passenger car. These high torsional load impulses are
due to the acceleration of the vehicle's torsional system inertia in a
very short period of time,

A high torsional load, but with a less severe shock characteris-
tic than that occurring during ‘‘clutch pop'* or ‘‘rock cycle'
testing, can be applied during a typical ‘‘stoplight drag'' or
**jack-rabbit"” start condition. This loading condition, which in-
cludes some inertia produced torque can occur quite frequently
during actual service in typical automobiles and is usually more
severe in a manual transmission equipped vehicle. Compared
with a typical wide open throttle (WOT) start from engine idle,
this loading condition is more severe.

In passenger car applications, vehicle weight, as well as the
design and functional characteristics of the entire power train
system including the engine, clutch, transmission, various drive-
train components, and the road wheels can affect the intensity of
the various described shock effects. Hence, all of these factors
must be considered in determining the magnitude of the
maximum applied torque which the driveline experiences.

For relatively small size passenger cars with a curb weight of
less than approximately 2200 Ib, the shock torque due to *‘clutch
pop'’' and ‘‘rock cycle’ loading conditions can be from 2 to
nearly 2% times the maximum theoretical engine delivered torque
in the driveline disregarding drivetrain component efficiencies.

Also, for small manual transmission equipped cars, the **stop-
light drag’" generated torque is usually higher than the maximum
theoretical value. In an automatic transmission car, the **stoplight
drag’ is approximately the same as the maximum theoretical
torque. The entire drive system's torsional inertia is the important
factor in the small car’s ability to develop these high shock torque
loadings with a relatively small engine.

For typical passenger cars in the 2200-4400 1b curb weight
range, the effect of the inertia produced torque on shock loading
generally decreases with increasing vehicle weight. Also, the
engine torque usually increases at a faster rate than vehicle
weight. In addition, automatic transmissions are more commonly
used in this size range of cars. For most automatic and manual
transmission equipped vehicles in the upper half of this weight
range, the shock torque values produced by’ “‘rock cycle’’ and
“‘clutch pop'’ test, respectively, are approximately 50% higher
than the maximum theoretical engine developed torque in the
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driveline.

For typical passenger cars in the over 4400 Ib curb weight range
where automatic transmissions are standard equipment, the veh;.
cle generally has considerably more engine torque available rela.
tive to its weight than a smaller car. The torsional shock loading
produced in these size vehicles by *‘rock cycle’” test may be from
somewhat less than the maximum theoretical engine delivered
torque in the driveline, to slightly above this value. Therefore, in
these vehicles, the maximum theoretical engine delivered torque
through the automatic transmission (stall torque) is usually the
highest torsional Joad imposed in the driveline.

The previously described torsional loading conditions govern.
ing the various size passenger cars will of course likewise apply to
axle driveshafts or halfshafts when they are used. These axle
driveshafts may be employed in a car with front located engine
and transmission, but with the rear differential chassis mounted
instead of being part of the common live axle design. The inde-
pendently sprung rear driving wheels are thus driven by universa|
jointed halfshafts. These axle driveshafts are also used in fropt
engine-front drive or rear engine-rear drive vehicles. In thege
vehicle drive system arrangements, the power train has a reja.
tively shorter power flow path than a conventional rear drive
vehicle with the engine and transmission located at the fron,

When vehicles with axle driveshafts employ inboard or chassig
mounted (sprung) brakes rather than the common unsprung (ow-
board located) brakes, the maximum engine delivered torque
through the automatic transmission (stall torque), for example,
does not reach these shafts with the brakes applied. Instead, they
must resist the full effects of the braking torque including de.
celerating effects of the wheel rotational inertia. Braking torque as
compared to engine delivered stall torque is instantaneous ip
nature and, depending on the type of brakes used, can have a
relatively high shock or impact value and, therefore, must be
considered when inboard brakes are employed in the vehicle,

For truck applications, the factors which affect torque in the
drivetrain system are similar in many respects to those factors
previously described for passenger cars. As in passenger cars,
vehicle weight influences the torsional loading characteristics.
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Trucks are commonly classified according to gross vehicle weight
(gvw) categories as follows:
. Light-Duty Trucks: 4000-10 000 Ib (gvw)
. Medium-Duty Trucks: 10 000-22 000 Ib (gvw)
. Heavy-Duty Trucks: Over 22 000 Ib (gvw) _

Because of the large variety of drivetrain arrangements possi-
ble, especially in medium and heavy-duty trucks, and b‘ef:auy: of
the severity of the operating and environmental conditions en-
countered in service by these vehicles, additional factors must be
considered, Trucks in this size range are often used in on- off-
highway operations which can have a considerable cffect. on Fhe
drivetrain torque loads encountered. Also, torsional Ioad]ng im-
pulses can be affected by the type of engine employleﬂ in these
on-highway or off-highway vehicles where both gasoline of s!Ja:k
ignition and Diesel engines are utilized. In addition, the Diesel
engine may be of the two or four stroke cycle type. Tl'zcsf'. aqd
other various powerplant types can produce torsional excitation in
the drivetrain system. The engine firing impulses cause 2 t.orswna]
acceleration with the magnitude depending on the inertia of the
flywheel and other rotating componenis. Also, engine misfiring
produces load impulses of a detrimental nature in the drive sys-
tem. Depending on the specific characteristics of a particular
vehicle power train, many other possible sources of nonuniform
rolating motion exist which can produce a disturbing force on the
rotating system and must therefore be considered in driveline
design. .

In agricultural implements, the driveline is subjected to widely
varying loading conditions during operation. The implements can
be severely overloaded, for example, by jamming of clogging of
the operating system by the crop or by a foreign object. Hence, the
load levels in critical areas of the operating system are geficraliy
limited by design with torque overload protection devices 10
prevent serious equipment damage. )

In industrial or other stationry drive systems, load impulses
from typical reciprocating machinery such as compressors must
be considered in driveshaft design. Other sources producing
variable torque load characteristics are nonuni_form cqmact of
gears, cams, linkages or other motion transferring devices.

]
i
-
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Section 2.4
Vehicle Driveline Analysis

E. R. Wagner, P.E. — Saginaw Steering Gear Div., GMC

For the following typical highway vehicle configurations,
basic mathematical analyses are made illustrating the maximum
torque delivered from the engine, the maximum wheel slip
torque, and the maximum speed in the driveshaft, Also, the
maximum acceleration is determined for the rear wheel drive

C.G.

F'

passenger car only. . \ A
: Fr
Rear Wheel Drive Passenger Car A —i
Wyt War

A typical large rear wheel drive passenger car has the following
application parameters:

—

Maximum installed net engine torque 430 lb-ft
Torque converter stall ratio 2.02 Fig. 1 — Rear whee| drive passenger car at maximum acceler-
Transmission low gear ratio 2.48 ation
Rear axle ratio 2.4
Automatic transmission with where:
;orque converter efficiency i W = Total car weight, Ib
W S ES : W, = Static rear whee] weight, Ib
o :"‘ e i L = Wheelbase, in
actor . v
Wheelbase 130 in S acdiil
Center of gravity (c.g.) height 21.50 in 3573
Static weight distribution (five passengers) = 66.46 in
Total Front Rear . ; : 3
5573 Ib 2724 1b 2849 Ib The l:fasu: equation for the maximum tractive force at the rear
Tire rolling radius 14,000  Wheelsis
Coefficient of friction between
Fr max = 1 W,
tire and road 1.00 e s

The maximum driveshaft stall torque is:
T = 12T.R.Ria

where:

i = Coefficient of friction between tire and road
W4 = Dynamic rear wheel weight, Ib

where: The dynamic axle weight at the rear wheels is:
12 = A constant = 12 Ib-in/1 Ib-ft _ WA FH
T. = Maximum installed net engine torque, Ib-ft War = "L_ * T

R. = Torque converter stall ratio
Ryg = Transmission low gear ratio
N = Automatic transmission efficiency factor

= ]2 x 430 x 2.02 X248 X 0.85
T = 21 972 Ib-in

Also, the driveshaft torque due to wheel slip at maximum

where:

F = Inertia force equals maximum tractive force F; max. Ib

H = Center of gravity height, in

Substituting this expression into the above equation and
simplifying, the maximum traction force is:

acceleration with a five passenger load is computed. Fig. | shows F = ©w WA
the dynamic forces acting on the car at such a condition. S L-pH
The distance of the c.g. from the front wheels is: 100 x 5573 X 66.46
Wel 130 - 1.00 x 21.50
R Fe max = 3414 1b
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The maximum rear wheel slip torque per wheel is:

T = FI’ mad rl'
2
where:
r. = Tire rolling radius, in
_ 3414 x 14.00
2

T = 23 898 Ib-in

The maximum driveshaft torque at wheelslip is:

T = Frmac e
Tra Rra

where:
Nra = Rear axle efficiency factor

R., = Rear axle ratio
:; 3414 x 14.00

0.95 x 2.94
T =17 113 Ib-in

Assuming a terminal vehicle speed of 120 mph, the maximum
driveshaft speed is:
N 168 R,V
Tr

where;
168 = A constant
V = Vehicle speed, mph
_ 168 % 2,94 x 120

14.00
N = 4234 pm
In the previous computations, the maximum tractive force at
the rear wheels was found to be 3414 Ib, and when the coefficient
of friction between the tires and road is 1.00, the dynamic rear
wheel weight is also 3414 1b. The maximum acceleration corres-
ponding to this dynamic vehicle condition can be determined.
The dynamic front wheel weight is:

Wy = W - War
= 5573 — 3414
War = 2159 1b

The inertia force at the center of gravity can be found from the
following equation of equilibrium:

FH + WA — Wy (L—A) =0

F x 21.50 + 2159 x 66.46 — 3414 X (130-66.46) = 0
21.50 F = 73 438.42

F = 3416 Ib

As a check, the inertia force as it should, equals the maximum
tractive force:

F i Fl' max
3416 Ib = 3414 Ib

The maximum acceleration is:

i B
w
where:
g = 32.2 ft/sls
_ 3416 x 322
5573
a= 19.74 fi/s/s

Front Wheel Drive Passenger Car

A typical large front wheel drive passenger car with outboard
brakes has the following application parameters:

Maximum installed net engine torque 525 Ib-fi
Torque converter stall ratio 2.03
Transmission low gear ratio 248
Final drive ratio 3.07
Automatic transmission efficiency

factor (with torque converter) 0.85
Final drive efficiency

factor 0.95
Wheelbase 120 in
Center of gravity height 21.50 in
Static weight distribution (five passengers)

Total Front Rear
5650 1b 3390 Ib 2260 Ib
Tire rolling radius 14.00 in

Coefficient of friction between
tire and road 1.00

The maximum stall torque per front half axle driveshaft is:

b 12TeR.RigRet Mat M
2

T

where:

12 = A constant = 12 Ib-in/l Ib-ft

T, = Maximum installed net engine torque, lb-ft
R, = Torque converter stall ratio

Ry, = Transmission low gear ratio

Ry = Final drive ratio

N = Aulomatic transmission efficiency factor
N = Final drive efficiency factor

l

. 12 X 525 x 2.03 x 2.48 x 3.07 x 0.85 x 0.95
2
T = 39 313 Ib-in

Also, the front half axle driveshaft torque due to wheel slip at
maximum acceleration with a five passenger load is computed.

Fig. 2 shows the dynamic forces acting on the car at such a
condition.

The distance of the c.g. from the rear wheels is:

_ Wl
w

B
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Fig. 2 — Front wheel drive passenger car at maximum acceler-
ation
where:
W = Total car weight, lb
Wy = Static front wheel weight, 1b
L = Wheelbase, in
_ 3390 x 120
5650
B = 72.00 in

The basic equation for the maximum tractive force at the front
wheels is:

Fy max — su-wdl'
where:

. = Coefficient of friction between tire and road
Wgr = Dynamic front wheel weight, 1b
The dynamic axle weight at the front wheels is:

Woe = — — —
L L

where:

F = Inertia force equals maximum tractive force F; nax. Ib

H = Center of gravity height, in

Substituting this expression into the above equation and
simplifying, the maximum traction force is:

nWB
L — uH
_ 1.00 x 5650 x 72.00

120 + 1.00 x 21.50
Fr max = 2875 1b

Fr max =

The maximum front wheel slip torque per wheel is:
T = Frma &
2
where:
r. = Tire rolling radius, in
_ 2875 X 14.00

2
T = 20 125 Ib-in
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Assuming a terminal vehicle speed of 120 mph and equal
traction at both wheels, the maximum axle driveshaft speed is:

& s 168V
r[
where:
168 = A constant
V = Vchicle speed, mph
_ 168 x 120
14.00
N = 1440 rpm

Four-Wheel Drive, Light-Duty Truck

A typical four-wheel drive, light-duty truck has the following
application parameters;

Maximum installed net engine torque 256 1b-ft
Transmission low gear ratio 6.55

Transfer case ratios 1.00 and 1.96
Rear axle ratio 6.17

Front axle ratio 6.17

Manual transmission efficiency factor 0.90

Transfer case efficiency factor 0.90

Front and rear axle efficiency factors 0.95
Wheelbase 132 in
Center of gravity height 35.00 in

Static weight distribution (gross vehicle weight)

Total Front Rear
9200 b 4000 1b 5200 Ib
Tire rolling radius 18.50 in

Coefficient of friction between
tire and road 0.70

This vehicle is capable of being driven either in full time
rear wheel drive or in part time four-wheel drive. In rear wheel
drive, the maximum torque in the rear driveshaft is:

T = 12T Ry M

where:

12 = A constant = 12 Ib-in/l Ib-ft
T. = Maximum installed net engine torque, Ib-ft
Ry, = Transmission low gear ratio
Tm = Manual transmission efficiency factor
= 12 X 256 X 6.55 x 0.90
T = 18 109 Ib-in

Also, the driveshaft torque due to wheel slip at maximum
acceleration in rear wheel drive with a gvw load is computed. Fig.
3 shows the dynamic forces acting on the truck at such a condi-
tion.

The distance of the ¢.g. from the front wheels is:

_ WL
w

A
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H— w 7

F .~ |
.
Fr
s Y i
wdr
]

Fig. 3 — Rear wheel drive, light-duty truck at maximum accel-
eration

where:

W = Total truck weight, Ib

W, = Static rear wheel weight, Ib
L = Wheelbase, in

5200 x 132

9200
A = T74.61 in

The maximum tractive force at the rear wheels is:
WA

Fr max = —u‘.___
L = uH

where:

p = Coefficient of friction between tire and road
H = Center of gravity height, in
_ 0.70 x 9200 x 74.61

132 — 0.70 x 35.00
Fr max = 4470 Ib

The maximum rear driveshaft torque at wheel slip is:

T = Fr max Ir
NraRea
where:

r, = Tire rolling radius, in
M = Rear axle efficiency factor
R;s = Rear axle ratio

_ 4470 x 18.50

0.95 x 6.17
T = 14 108 Ib-in
Assuming a terminal vehicle speed of 70 mph, the maximum
driveshaft speed is:

_ 168 RV

Tr

N

()
o

s
Ff

le— B —o

wdr

fe—— || e

Fig. 4 — Four-wheel drive, light-duty truck at maximum accel-
eration

where:

168 = A constant
V = Vehicle speed, mph
_ 168 X 6.17 x 70
18.50
N = 3922 rpm

In four-wheel drive, the maximum torque output of the transfer
case is:

T= 12TeRig MenRic Mie
where:

Ric = Transfer case ratio
T = Transfer case efficiency factor

= 12 x 256 x 6.55 x 0.90 x 1.96 x 0.90
T = 31 945 Ib-in
Since a conventional transfer case is assuned with a solid
connection and no differential with a torque dividing (biasing)
device incorporated, this output torque is equally divided between
the front and rear driveshafts as follows:

T = 31945
2
T = 15 972 Ib-in

However, it may be assumed that under certain instantaneous
conditions, all the available torque output from a transfer case
without a differential, or a transfer case with a locking differen-
tial, can be transmitted through either the front or rear driveshafts.

In the following computations, the driveshaft torques due to
front and rear wheel slip are determined. For the four-wheel drive
arrangement, full vehicle weight can theoretically be utilized in
producing tractive forces. This ideal condition is realized, how-
ever, only when tractive forces (and engine torque) are distributed
to the axles in the same proportion as are the dynamic weights on
the respective axles. A variable torque dividing (biasing)
mechanism in the transfer case would be required for this pur-
pose. Fig. 4 shows the dynamic forces acting on the truck during
the four-wheel drive condition.
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The distance of the c.g. from the rear wheels is:

B=L-A
= |32 — 74.61
B =57.39in

The basic equation for the maximum tractive force at all four
wheels is:

F-l max — J.LW

The dynamic axle weight at the front wheels is:

WB _ FH
Wy=—"—

L L.

Substituting the maximum tractive force expression into this
equation results in:

Wy = % (B — uH)

The dynamic axle weight at the rear wheels is:

w, = WA FH

L

Substituting the maximum tractive force expression into this
equation results in:

w
Wi = I(A + puH)

Assuming that the tractive forces are distributed to the axles in
the same proportion as are the dynamic axle weights on the
respective axles, the following relationship results:

Fyr W

B — uH
A+ uH

F«Ir w-ir

The tractive force at the front axle is:
W
Fat = War = _L (B — pH)

~ 9200 (57,39 — 0.70 x 35.00)
132
F" = 2292 ]b

The maximum front driveshaft torque at wheel slip is:

Fyr e

Mta an

q=

29

where:

N = Front axle efficiency factor
Ry, = Front axle ratio

_ 2292 x 18.50

0.95 x 6.17
T = 7234 Ib-in

The tractive force at the rear axle is:

Far = War = 2 (A + pH)
L.
— 9200 (74 61 + 0.70 % 35.00)
132
Fir = 6908 Ib

The maximum rear driveshaft torque at wheel slip is:

T= F-Ir]-r
NeaRea
_ 6908 x 18.50
0.95 x 6.17
T = 21 803 Ib-in

These computed maximum front and rear driveshaft torques at
wheel slip would be possible if a variable torque dividing
mechanism were incorporated in the transfer case, and if the
tractive forces were distributed to the axles in the same proportion
as the dynamic axle weights.

The top speed of the vehicle in four-wheel drive and with the
transfer case in low gear is limited by the maximum govemed
engine speed of 4200 rpm. The maximum vehicle speed is:

-

TR N
168 RRyc
o 4200 x 18.50
168 X 6.17 x 1.96
V = 38 mph

The maximum front and rear driveshaft speeds in four-wheel
drive are:

e
1.96
N = 2143 rpm
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Section 2.5
Duty Cycle Determination

E. R. Wagner, P.E. — Saginaw Steering Gear Div., GMC

A driveline duty cycle is a graph, chart, or table showing the
period of time spent at various combinations of torque, speed, and
joint angle for a typical load cycle or operational sequence of a
vehicle ina given overall period of time. The duty cycle expresses
in engineering terms the performance and durability requirements
of the design. The duty cycle can be computed from engineering
estimates; however, when possible, this duty cycle should be
established from an instrumented vehicle under actual operating
conditions. Then realistic laboratory life testing can be conducted
with tape-controlled test machines, If elaborate testing equipment
is not available, one can establish a duty cycle and determine the
life expectancy with a simpler conventional wear test machine
and by computation.

First, the load cycle is analyzed and divided into groups of
fixed combinations of torque, speed, and joint angle. These
groups represent fractions or percentages of the total operating
time of the load cycle. Life expectancy values can then be estab-
lished by laboratory testing for fixed relationships of these vari-
ables and expressed graphically.

According to Miner's Theory, which is most commonly used,
the total life expectancy for an application due to the cumulative
damage effect of operating at various stress levels caused by
continuously varying conditions can then be established by sum-
mation as follows:

Lroal = ﬁ—‘
2 L
1=}
where;
N; = Fraction of total time at operating condition j
L; = Life expectancy at operating condition j

m = Total number of operating conditions
This equation can be expressed in the following commonly
used simplified form:

Total Life = 0 v -
Expectancy ——+——+ — 4 a0t T
1 Ly Ln

where:

N, = Fraction of otal time at operating condition |
L, = Life expectancy at operating condition |. hours

In an illustrative problem for a particular type of universal joint,
operating conditions representing three combinations of torque,
speed, and joint angle are assumed at the percentages of time
shown in Table 1.

31

TABLE 1 — UNIVERSAL JOINT OPERATING CONDITIONS

Operating Fraction of Time, Life Expectancy
Load Cuondition Percent Hours
1 5 400
2 10 1800
3 85 70 000

Also, for each condition shown is the resultant life expectancy
which can be determined, for example, from previously estab-
lished load-life curves or by laboratory testing a given type of
universal joint. With the previous equation, it is possible 1o
determine the total life expectancy as follows:

|
0.05, 0.10 a 0.85

—_— T — —

400 1800 70000
Total Lite Expectancy = 5190 h

Total Life Expectancy =

Among other cumulative damage theories proposed for
evaluating fatigue life, the Corten-Dolan theory has also been
used. [t should be indicated that the duty cycle, regardless of how
determined, is at best the most realistic approximation of the
intended usage of the design because, neither the designer nor the
manufacturer has full control over the final usage. Hence, if
possible, the evaluation of a driveline is best accomplished under
actual operating conditions of an application.
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Chapter 3
Universal Joints

Introduction

E. R. Wagner, P.E. — Saginaw Steering Gear Div., GMC

A universal joint is a mechanical device which can transmit
torque and/or rotational motion from one shaft to another at fixed
or varying angles of intersection of the shaft axes. There are many
types of universal joints and they can be classified according to
their basic design characteristics.

Generally, the initial interest in any universal joint is in its
motion transmission characteristic, which can be either
nonuniform or uniform. A nonuniform motion or nonconstant
velocity universal joint transmits motion with varying ratios of
instantaneous angular velocity between output or driven, and
input or driving members, when operating at joint angles greater
than zero. The average angular velocity ratio is unity. A uniform
motion or constant velocity universal joint transmits motion with
an angular velocity ratio of unity between output and input mem-
bers.

In addition, a third category of universal joints is the near
constant velocity universal joint which transmits motion with an
angular velocity ratio of unity when operated at the design joint
angle and at zero. When operated at other angles, the angular
velocity ratio is near unity. Since the deviations from unity are
small compared to the deviations for nonconstant velocity univer-
sal joints, the near constant velocity universal joints are generally
included in the same category as the constant velocity universal
joints,

Universal joints are also classified with regard to their support-
ing capabilities. A self-supporting universal joint is supported by
internal means and hence requires location at only one shaft,
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which can be either the driving or the driven member of the joint.
On the other hand, a non-self-supporting universal joint requires
external supporting means at both driving and driven shaft mem-
bers in order to maintain the proper alignment of joint compo-
nents.

Universal joints are categorized further either as a fixed center
or as an end motion type. A fixed center universal joint maintains
the joint center at a fixed location and can resist axial thrust forces.
An end motion universal joint permits relative axial movement
between input and output members and, therefore, has a variable
joint center location.

Another characteristic of universal joints is their operating joint
angle capability. Universal joints are referred to as either high or
low angle types. A high angle universal joint is generally of the
fixed center type, while a low angle universal joint is usually of
the end motion type.

In addition, universal joints can be described with regard to
directional capabilities of power transmission. Most universal
Jjoints are bi-directional and therefore transmit torque from either
joint member to the other, with equal efficiency, capacity, and
various other functional characteristics.

In the following sections, functional and design characteristics
are discussed in varying detail for the different universal joint
types. In addition, various rubber couplings, used to a limited
extent in some European driveline and axle driveshaft applica-
tions, are shown and described briefly.
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Section 3.1.1
Cardan or Hooke Universal Joint

E. R. Wagner, P.E. — Saginaw Steering Gear Div., GMC
C. E. Cooney — Mechanics Div., Borg Warner Corp.

Fig. 1 — Cardan or Hooke universal joint

RETAINING RING
IEXTERNALLY
LOCATING TYPE)

BEARING SEAL

NEEDLE ROLLER CROSS
ROUND BEARING CUP TUBE OR
\ WELD YOKE

Fig. 2 — Cardan universal joint

Introduction

The universal joint, commonly referred 1o as either the Cardan
or Hooke universal joint. is an extremely old device. The first
known descrption of this mechanism can be found in a manu-
script by Villard Honnecourt, a thirteenth century architect. La-
ter, Geronimo Cardano, an ltalian mathematician who lived in the
sixteenth century, utilized a mechanism 1o suspend a ship's com-
pass which maintained its horizontal position independent of the
ship's movements. This was later known as the Cardan suspen-
sion. In the seventeenth century, the Brtish scientist Robert
Hooke was granted a patent on the universal joint. He discovered
the nonuniform motion charactenstics of this joint and found that
these undesirable charactenistics could be eliminated by correct
phasing of two joints operating in series at identical joint angles.

The Cardan or Hooke universal joint shown in Fig. |, is a
nonconstant velocity universal joint which consists of two yokes
drivably connected by a cross through four beanngs. A kinematic

(ELASTOMER TYPE)

A
NEOPRENE. SEALED,

LUBRICANT-RETAINING
.usmns% '

COVER
BAND

*:.1;

COVER
BAND

0

Fig. 8 — Various other Cardan type joint constructions

study of this joint reveals the presence of unusual motions and
forces when it operates at an angle. These characteristics impose
certain limitations on its applications which are discussed in the
following section on Kinemarics. Fig. 2 shows a typical automo-
tive design of this joint while Fig. 3 illustrates some other Cardun
type joint designs which have similar operating characteristics.
Fig. 3(a) and (b) show pin and block type constructions, and Fig.
3(c) tllustrates a grooved spherical ball construction. These and
other possible intermediate member constructions perform the
same function as the cross in the conventional type of Cardan
joint.

Through the years, the Cardan joint has found the most wide-
spread usage of any type of universal joint in the passenger car,
truck, and various other on-and off-highway vehicle driveline,
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axle driveshaft. power take-off, and steering shafl systems. Other
applications have been in aircralt, railway. marine, agricultural,
industrial, und stationary drive system installations. As shown
schematically in Fig. 4(a). it has been most generally used as a
self-supporting joint, but it has alse been used as a non-self-
supporting joint illustrated in Fig. 4(b). The principal usage of the
self-supporting joint has been in conventional, open-type
driveline constructions, while the non-self-supporting joint was
once widely used in former torque tube drive constructions of
passenger cars.

The principal advantages of the Cardan joint are its relatively
low cost (0 manufacture as well as simple and rugged construc-
tion, combined with long life and ease of serviceability. In addi-
tion to providing the necessary torque capacity in a limited operal-
ing space, the joint has the thrust capability 1o withstand relatively
high, externally imposed axial forces which may be produced, for
example, by sliding spline when shaft length changes are required
during vehicle suspension movements, Further, the joint offers
the versatility and flexibility to permit the design of numerous
yoke and bearing constructions to meel the functional and durabil-
ity requirements of a large vanety of applications.

Kinematics

Motion Characteristics

The kinematics of motion of a Cardan joint are quite unusual.
Whenever it operates at an angle, nonuniform motion is de-
veloped. When the driving yoke of the joint is operating at a
uniform rotational velocity, the driven yoke rotates nonuniformly
with respect to angular displacement, velocity, and acceleration.
This motion has the following characteristics:

I. The average angular displacement and velocity is uniform,
That is, if the driving yoke rotates one revolution, the driven
yoke also rotates one revolution. However, during this one
revolution, the incremental angular displacement and in-
stantaneous angular velocity and acceleration are not
transmitted uniformly through the joint.

2. The angular displacement of the driven yoke during one
revolution lags and leads the driving yoke twice.

3. Assuming constant input motion of the driving yoke, the
driven yoke has a maximum difference of output angular
velocity with respect to the driving yoke when the driving
yoke lies in the plane described by the joint angle, and also,
when the driving yoke is normal or perpendicular to this
plane. The driven yoke has the same instantaneous angular
velocity as the driving yoke at approximately 45 deg from
the joint angle plane for small joint angles.

4. The maximum instantaneous angular acceleration and de-
celeration of the driven yoke occurs when the angular
velocity of the dnven yoke is the sume as the driving yoke.
Also, the maximum acceleration and deceleration coincide
with the maximum lag and lead respectively.

5. The incremental angular displacement, velocity, and accel-
eralion increase as the joint angle increases, but al an
increasing rate.

FIXED BEARINGS
__CENTERING CROSS

SELF-SUPPORTING TYPE (a)

NON CENTERING CROSS

NONSELF-SUPPORTING TYPE (b)

Fig. 4 — Cardan universal join! types

Equations of Motion and Force

The equations of motion and force of a Cardan joint have been
developed according to the following nomenclature:

w = Input angular velocity of driving yoke (assumed
uniform in the analysis)
w, = Oulput angular velocity of driven yoke

g = Joint angle

B = Angle of rotation of driving yoke from position
where it is normal or perpendicular to the plane of
the joint angle

B: = Angle of rotation of dnven yoke from position
where it is in the plane of the joint angle

T = Input torque on driving yoke (assumed uniform in
the analysis)

T, = Output torque on driven yoke

C = Secondary couple on driving yoke

C, = Secondary couple on driven yoke

= Input angular acceleration of dnving yoke (as-
sumed zero in the analysis)
a; = Outpul angular acceleration of driven yoke

=]
|

o = Angle of lag of driven yoke

A = Amplitude of torsional vibration

7 = Angle between driving yoke and cross
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Fig. 5 — Cardan joint angular relationship
4 = Angle between driven yoke and cross
T, = Torque on cross
v = Linear velocity vector of point on cross trunnion

r = Radius from joint centar to point on cross trunnion

Fig. 5 shows the basic angular relationship of a Cardan joint
operating at an angle. The illustration shows the fundamental
relationship between 8 and 8, as follows:

tan B, = cos f tan 3

By differentiating this expression with respect to time, and
simplifying. the output angular velocity can be found as follows:

w cos 8

a" = ——
| — sin® 8 sin® @

The output angular acceleration can be found by differentiating
the velocity equation with respect to time and simplifying as
follows:

2w* cos @ sin @ sin 2 3
(1 — sin® 8 sin® B)

oy =

The amplitude of the torsional vibration resulting from a Car-
dan joint operating at an angle is the maximum difference be-
tween B and 8, as follows:

A = Arctan (—— — Arctan (cos 8)*
cos 8

These equations satisfy the actual motion, velocity, and accel-

v .

=
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g8 [
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Z, 900F
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< 3 »
38 0 308 _—DRIVING YOKE
24 g 300k
4, & 600
¢ sool

L 1 1
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ROTATION OF DRIVING YOKE, DEGREES

180

Fig. 6 — Cardan joint motion characteristics at 4°30' joint angle
and 3600 rpm

eration characteristics of a Cardan joint operating at an angle. A
much simpler set of equations can be used in solving practical
problems when the joint angle is small or less than approximately
10 deg. These approximate equations are:

A = 1% (1 — cos )

where:
A is in rad
or: %
fivee 22
4
where:

A and 6 are in rad

o,=-—-Asin2f8
w =w—2Awcos2f
a; = 4A w*sin 2 8

@ (max) = 4A w?

These motion characteristics are illustrated in Fig. 6 for a
Cardan joint operating at a 4°30' joint angle and at 3600 rpm. This
figure shows that the motion characteristics vary twice during
each revolution of the shaft when the joint operates at an angle. A
simplified derivation of the Cardan joint's nonconstant velocity
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Fig. 7 — Cardan joint motion characteristics

characteristics is shown in Fig. 7. if it is initially assumed that the
joint is operated with no angle between the driving and driven
yokes, then the effective length of the lever arms in the inter-
mediate cross member which cause rotation are the same when
viewed from either the driving or the driven ends. Therefore, al
zero joint angle the output angular velocity is the same as the input
angular velocity and thus constant velocity is transmitted, How-
ever, when an angle is imposed on the joint, the effective lever
arm varies when viewed along the driven yoke rotational axis.
Hence, when the input angular velocity of the driving yoke is
assumed constant, the output angular velocity of the driven yoke
is nonuniform.

To analyze this speed variation, first consider the speed of a
point on the cross trunnion, point A, as it appears when viewed
along the driving yoke rotational axis. Point A rotates around this
axis in a circular path of radius r and at a constant speed which can
be represented as a constant length linear velocity vector v.
Therefore, the input angular velocity of the driving yoke is:

€
]
- | =

When viewed aleng the driven yoke rotational axis, the circular
path of point A appears as an ellipse with a major axis radius of r
and a minor axis radius of r cos 8. With point A located as shown,
its distance from the driven yoke rotational axis is r cos & and its
linear velocity vector around this axis is v. Therefore, the rota-
tional speed of the driven yoke in terms of the input angular
velocity is:

v @

W, =

rcosf cos 6

If the driving yoke is rotated 90 deg from the position shown, the
distance from point A to the rotational axis of the driven yoke
becomes r and the linear velocity vector around this axis becomes
v cos 0. Therefore, at this instant, the rotational speed of the
driven yoke in terms of the input angular velocity is:

w (DRIVING)

wy (DRIVEN)

[=]
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Fig. 9 — Maximum angular acceleration of Cardan joint driven
shaft

_vcosB

= = w cos f

r

Thus, in 90 deg of constant speed rotation of the driving yoke, the
instantaneous driven yoke output angular velocity has changed
from w/cos @ 10 w cos @. These speeds are the maximum and
minimum rotational speeds of the driven yoke. Hence, the output
angular velocity varies continually and produces two complete
cyeles of speed variation for every revolution of the driving yoke.

A polar diagram is shown in Fig. 8 which shows the angular
velocity of both the driving and driven yokes for one complete
revolution of the Cardan joint. Since the driving yoke is assumed
to have a constant angular velocity, its polar diagram is a circle.
The diagram for the driven yoke, however, is an ellipse which
intersects the circle at four places. This means that there are four
instantaneous positions during a single rotation where the angular
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Fig. 10 — Cardan jeint force relationships

velocities of both yokes are equal. During the remaining time, the
driven yoke rotates either faster for part of the time or slower for
part of the time.

Fig. 9 shows the effect of rotational speed and joint angle on
maximum angular acceleration. The constant acceleration curves
shown in this figure result from the following relationships:

A. Angular acceleration is proportional to angular velocity

squared for a given joint angle.

B. Angular acceleration is proportional 1o joint angle squared

for a given angular velocity.

C. If joint angle times angular velocity is constant, then angu-

lar acceleration is constant.

Therefore, from these relationships, the following useful ap-
proximate equation results:

®y(max) = #w?
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Another derivation of simplified basic mathematical relation-
ships for the Cardun joint is developed in Appendix K. [t is also
shown in this appendix that the use of these approximute equa-
tions would produce a negligible error in computations involving
practicul joint angle problems.

The foree relationships which exist on a Cardan joint transmit-
ting torque at an angle are shown in Fig. 10, This illustration
indicates the presence of bending moments acting on both the
driving and driven yokes. These bending moments are culled
secondary couples and are produced whenever torque is transmit-
ted around a corner by a universal joint operating at an angle.

The secondary couple in the plane of the driving yoke is:

C=Ttanfcos B
This equation is a cos wave form with a maximum amplitude of:
Crax = T tan 8 (at 90 deg to the plane of the joint angle)
In the plane of the driven yoke, the secondary couple is:
C, = T sin 8 sin 8 (I + tan® @ cos® B)*
For small joint angles, this equation can be reduced to:
Cy = Tsin 8sin 8
This equation is a sine wave form with a maximum amplitude of:
C, max = T sin 8 (at 90 deg to the plane of the joint angle)

For small joint angles tan @ = sin 8 and, therefore, the second:iry
couples on the driving and driven yokes are approximately equal.

Joint Phasing — (Application Motion and Force Equations)

Torsional Equivalent Angle — In solving practical joint angle
problems of Cardan joints, the following motion equation is used
lo determine the basic relationship:

A= E‘ =K @
4

where:
K = A constant
@ = Joint angle in rad

This equation merely establishes the basic relationship that the
maximum value of torsional amplitude is directly proportional to
the joint angle squared.

Parallel Shafts Arrangement — The first two-joint driveshafi
system to be unalyzed is the parallel shafis arrangement as shown
in Fig. 11. The joint angles shown ure true angles. since the inpul
and output shafts as well as the connecting or intermediate shaft
lie in the same plune when seen in the plan view.
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SIDE VIEW
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Fig. 11 — Parallel shafts arrangement

In this arrangement. the input and output shafts as seen in the
side view. intersect at infinity when they are parallel or at some
point outboard of joint centers for approximately parallel shafts. It
should be noted in Fig. 11(a), that the driving yoke D, of joint |
lies in the plane of its joint angle ai the same instamt that the
driving yoke D. of joint 2 is normal or perpendicular to the plane
of its joint angle. This arrangement is the conventional combina-
tion where the inboard yokes d, and D. of the driveshaft are
phased in line or parallel and can also be expressed as zero degree
phase angle. Hence, the phase angle is the relative rotational

position of the joint yokes on a driveshaft. With this combination, .

the residual torsional amplitude and joint angle of the system is:

Ares = K Ores”

When the joint angles are equal, 8,,, equals zero und constant
velocity is trunsmitted. Also, there is no significance 1o the
imaginary numbers possible in this equation. Only the arithmeti-
zul difference in these values should be used and the negative sign

PLAN VIEW v

dy

SIDE VIEW

Fig. 12 — Intersecting shafts arrangement

Dy
Eﬂﬁu
ezn

PLAN VIEW

SIDE VIEW
Fig. 13 — General two-joint shaft arrangement

possibility ignored. For small joint angles, the angle in deg or rud
may be used.

For example, when 6, = 5 deg and 8, = 4 deg for the case of
unequal joint angles, the residual joint angle is:

Ores = V(5P — @)
6:’9; =3 dﬁg

This computation shows that the same torsional amplitude,
angular acceleration and other motion characteristics occur over-
all with the 5 deg and 4 deg joint angle combination as occurs in a
single joint operating at a 3 deg joint angle. This single joint angle
producing the same speed variation as a driveshaft system of two
or more joints is called the rorsional equivalent angle, and its
usefulness in driveline design is discussed in the section on Tor-
sional Excitation.

If the yokes d, and D, on the connecting or intermediate shaft as
shown in Fig. 11(b) are phased at 90 deg or crossed, the residual
joint angle or torsional equivalent angle of the system is:

Bm=\/§?+—a,=

This equation indicates the desirability to have parallel yoke phas-
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Fig. 14 — Joint angle and driving yoke plane relationships for
best phasing

ing on the intermediate shaft of the driveshaft system as shown in
Fig. 11(a).

Intersecting Shafts Arrangement — The second two-joint
driveshaft system to be analyzed is the intersecting shafis ar-
rangement shown in Fig. 12. As with the case of the previous
parallel shafts arrangement, the input and output shafts as well as
the intermediate shaft lie in the same plane when scen in the plan
view. The input and output shafts in the side view, however, are
not parallel and their centerlines intersect at some point inboard of
joint centers. This arrangement produces the same torsional
characteristics as the parallel shafts arrangemem in Fig. 11 be-
cause the cancellation effect of one joint by another is identical at
the same joint phase condition.

General Arrangement of Shafts not in the Same Plane —
The third two-joint driveshaft system to be analyzed is the general
arrangement or case where the shafts do not lie in the same plane.
Fig. 13 shows this general arrangement. An angular offset in the
plan view, which could be parallel as shown, is combined with an
intersecting condition in the side view producing an out-of-plane
condition.

The plane relationships of the joint angles and driving yokes
can be shown by constructing an end view around the centerline of
the intermediate shaft as shown in Fig. 14. This end view of the
intermediate shaft can be seen in Fig. 13 when viewing the shaft
from the direction of arrows A-A. The tangents of the joint angle
horizontal and vertical components for the general two-joint
driveshaft arrangement in Fig. 13 are plotted in the proper direc-
tion in Fig. 14 by using the right hand rule system. In Fig, 13, the
angular disposition of the joint angle components is considered
negative (—) when they are clockwise and positive (+) when they
are counterclockwise as shown. Then, when the components are
plotted in Fig. 14 from the origin, vertically upward and horizon-
tally to the right is positive, while vertically downward and hori-
zontally to the left is negative.

If the joint yokes are phased properly, the same cancellation
condition exists as in the two simpler installations previously
described. Fig. 14 shows the plane of driving yoke D, of joint I in
line with the plane of joint angle @, in the same rotational position
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Fig. 15 — Vectorial solution for minimum 6,4*

as when the plane of driving yoke D, of joint 2 is normal to the
plane of joint angle 2. Under these conditions of phasing, the
torsional resultant is a minimum and is based upon joint angle size
in the same way as in the driveshaft arrangements of Figs. |1 and
12.

It can be determined vectorally or graphically that the op-
timum phasing condition shown in Fig. 14 produces a minimum
torsional equivalent angle for the system. In this solution, the
following steps are required:

A. In Fig. 14 establish angles ¢, and ¢, in the same direction
of rotation. These angles extend from the plane of the joint
angle for both joints 1 and 2. Also, these angles are arbitrar-
ily assumed in the counterclockwise direction and represent
the relative phase relationship of the joint driving yokes D,
and D,.

B. The actual vectorial solution for the torsional resultant can
now be determined graphically as shown in Fig. 15. For this
solution, a reference axis is established with the vertical
axis arbitrarily chosen as this axis.

C. From the vertical reference axis, construct angles 2 ¢, and 2
¢, in the previously assumed counterclockwise direction
using the values of ¢, and ¢, found in Fig. 14. The values
of these constructed angles in Fig. 15 are 360 deg for 2 ¢,
and 540 deg for 2 ¢,.

D. At thisrelative phase relationship, construct vectors equiva-
lent in length to the magnitude of the joint angle squared.
These vectors for the two joint angles are 8, and 6,*. For
approximate solutions the joint angles in degrees or radians
can be used. For exact solutions, the maximum amplitude
of torsional vibration for each joint is used and can readily
be adapted to computer programming.
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Fig. 16 — Joint angle and driving yoke plane relationships for
any assumed phasing

E. The vectorial sum of these two vectors is proportional to the
magnitude of the resultant joint angle squared. Since the
individual vectors 6,® and 8,* are oppositely directed as
shown in Fig. 15, the residual vector is aminimum. These
individual vectors are oppositely directed because the op-
timum condition of phasing was used in Fig. 14 and if 6,
and @,® are equal then the residual vector or torsional
equivalent angle squared is zero.

It was previously indicated that under this condition of
phasing, the torsional resultant is a minimum and is based
upon joint angle size in the same way as shown in the
driveshaft arrangements of Figs. 11and 12. Hence, 85" is
the numerical difference of 8,* and 6,%. Therefore, 8. is
simply the square root of this difference and is expressed as
follows:

Orec = 612 - 6.*

As previously stated, only the arithmetical difference in
these values is used and the negative sign possibility is
ignored for the torsional equivalent angle.

When any relationship of joint angles as shown in Fig. 13 exists
with any known or assumed phase relationship between joint
yokes d, and D,, a general solution can be obtained. To ac-
complish this solution, the planes of the joint angles are plotted as
before in Fig. 14. The assumed plane relationships of the yokes
are laid over this same plot. This procedure produces an end view
of the intermediate shaft as shown in Fig. 16. This illustration is
the same as Fig. 14, except for the relationship between the planes
of the driving yokes D, and D,. It is merely necessary to measure
in the same direction of rotation in both cases the angle from the
plane of the driving voke to the plane of the joint angle for joints 1
and 2. This procedure produces angles ¢, and ¢, as shown in Fig.
16. These angles are arbitarily assumed in the counterclockwise
direction.

The general vectorial solution for the torsional resultant can
now be determined graphically as shown in Fig. 17. In this
solution, the following steps are required:

A. Establish a reference axis. Note that the vertical axis is used

here and is arbitrarily chosen.

Fig. 17 — General vectorial solution for 6.2

B. From the vertical refercnec axis construct angles 2¢b, and 2
¢, in the previously assumed counterclockwise direction,
using the values of ¢, and ¢, found in Fig. 6.

C. Atthisrelative phase relationship, construct vectors equiva-
lent in length to the magnitude of the joint angle squared.
These vectors are 8,2 and 8,*. For approximate solutions,
the joint angles in deg or rad can be used. For exact
solutions, the maximum amplitude of torsional vibration
for each joint is used and can be readily adapted to computer
programming.

D. The vectorial sum of these two vectors is proportional to the
magnitude of the resultant joint angle squared. 8. can then
be determined from the square root of this residual vector
and represents the torsional equivalent angle of the system.

From this general vectorial solution for the torsional equivalent

angle, it can be seen that in order to reduce the residual vector to a
minimum, the intermediate shaft yokes d, and D, must be so
phased that the individual vectors 8, and 6, are oppositely di-
rected as shown in the solution in Figs. 14 and 15. Hence, if 6,
and 8, are equal, the residual vector or torsional equivalent angle
is zero as previously stated.

This same solution applies to any number of joints in series. In

a system having n number of joints in series, the general solution
can be expressed as follows:

Ot =~ O, * 657 = B,F

These torsional amplitudes of the joints are vector quantities
and must be added vectorially. The general problem of joint
angles and yoke phasing can be easily solved by this graphical
method and the torsional excitation of a driveshaft system
minimized as desired.

When a three-joint driveline is considered, it is noted that four
principal phase relationships can exist if the three joint angles lie
in 2 common plane. A principal phase condition is one where the
yokes of the two intermediate shafts are either parallel (in line) or
crossed (at 90 deg). Therefore, a three-joint shaft can have the
following four principal phase relationships:

American Axle v. Neapco - IPR2025-00090
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Fig. 20 — Vectorial solution for constant output velocity

Residual Joint Angle

B i ANGLE@: Phasing Arrangement  (Torsional Equivalent Angle)
& OF SHAFT R Parallel — Parallel Vo2E-6t+ 0
o A Crossed — Parallel VOZE+ 82— 6
B /ﬂﬂ’ H  Parallel — Crossed VeF-6F -6
\ = Z +  Crossed — Crossed Vo2 + 62+ o
_e

If it is desired to achieve a zero output velocity variation (zero
ZPLANE OF D, residual angle) of the system, an optimum or best phasing ar-
rangement can be found by means of the graphical procedure
previously described. Fig. 18 illustrates the general arrangement
or case of a three-joint driveline where none of the shafts lie in the

PLANE OF D2

92“’\" LANE OF 0y same plane. The solution for optimum or best phasing is ac-
& complished by constructing views similar to Figs. 14-17.
= Fig. 19 shows an end view of the two intermediate shafts where
1 the planes of the joint angles are plotted and the planes of the
e yokes laid over this same plot. This end view can be seen in Fig.
- £h I8 when viewing the shafts from the direction of arrows A-A.
Fig. 18 — Joint angle and yoke plane relationships for optimum The plane of driving yoke D, of joint 1 is assumed in line with
phasing the plane of joint ungie 8. whilc the planes of driving yokes Da
e r and D, are unknown at this time. Angle ¢, is measured in an
U 1/ G_ assumed counterclockwise direction from the plane of the driving
A. Parallel — Parallel yoke to the plane of the joint angle for joint 1 as shown in Fig. 19.
The vectorial solution for this three-joint driveline is shown
—G— G —D graphically in Fig. 20, The vectors representing the joint angles of
i joints 1 and 2 are added vectorially in such a manner that their sum
B. Crossed — Paralle will be equal and opposed to the vector of the joint angle of joint 3.
is procedure will result in a condition of constant output veloc-
™ Thi d il Iti dition of I
|7 ity for driven yoke dy. In the solution. the following steps are
C. Parallel — Crossed required:
A. As in Fig. 135, a ventical reference axis is arbitrarily estab-
( l ( | ( I lished.
D. Ciosesd — Crossed B. Construct angle 2 ¢, in the previously assumed coun-
terclockwise direction using the value of ¢, found in Fig.
The residual joint angle or torsional equivalent angle of each of 19.
these four driveline phasing arrangements would be as follows: C. At this location. construct a vector 8,* equivalent in length
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to the magnitude of the joint angle squared. Also. at this
time, the vectors 6,° and 8,* representing joints 2 and 3,
respectively, should be determined and arbitrarily located
on the diagram.

D. Since it is desired (o achieve a zero residual joint angle of
the system (constant output velocity), it is merely necessary
to locate vector 6,* in such a way that the vector sum of
vector #,% and 0,% is equal to vector 8;°. Now locate vector
5 so that it is oppositely directed from the resultant of
vectors 8,% and 6,%. This procedure will result in a zero
residual joint angle for the system.

E. Construct angle 2 ¢, to vector 8,° and angle 2 ¢, to vector
#,% in the counterclockwise direction.

F. In Fig. 19, construct in the clockwise direction of rotation
angles ¢, and ¢, from the planes of joint angles 8, and 65,
respectively, as shown. This procedure locates the planes
of driving yokes D, and D, of joints 2 and 3, respectively, at
the instant when the plane of driving yoke D, of joint | lies
in the plane of joint angle 8,.

G. With all driving yokes now properly oriented with respect
to each other in Fig. 19, construct driven yokes d, and d; of
joints | and 2, respectively, and measure the phase angles
of the appropriate yokes on the two intermediate shafts of
the three-joint driveline. These are the phase angles re-
quired to achieve a constant output velocity or a zero
residual joint angle for the system. As explained in the
vectorial solution for the previous two-joint arrangement,
this procedure is readily adapted to computer programming
for exact solutions.

For drivelines with three or more joints, it should be pointed out
that generally the optimum phasing required is determined by the
necessity to minimize secondary couple forces which are usually
more significant in vehicle applications.

Inertia Equivalent Angle—In a typical two-joint driveline,
the portion of the driveshaft between joint centers rotates
nonuniformly. The inertia effects of this nonuniform rotating
shaft can be quite significant and limit the sizes of the continuous
operating joint angles. The entire solution of this torsional system
is a problem in torsional vibrations which will not be dealt with
here. Only the basic principles involved and the practical limita-
tions gained through experience will be discussed.

Fig. 21 shows a simulated two-joint system in 2 common plane
with the following nomenclature:

J, = Mass moment of inertia of driveshaft portion between
joint centers
M, and M, = Effective mass moment of inertia at the
driveshaft ends
@, and 6, = Joint angles

A basic equation of this system is:
T = Ja

where:

T = Exciting torque, Ib-in

J = Mass moment of inertia, [b-in-s*

a = Angular acceleration, rad/s/s

M, and M, are subject to the oscillating torque from the center
of the driveshaft itself. This oscillation occurs even with equal

[1]

N
8, E

Fig. 21 — Simulated two-joint system

joint angles. If M, and M, are equal and large with respect 101, it
is reasonable to assume that they will be subjected to oscillating
torques equal to the maximum accelerating effects of the joim
angle times the inenia J, of the center of the driveshaft. If M, and
M, are small compared to J,, then it is also reasonable to assume
that the center of the driveshaft will tumn uniformly while
maximum amplitude and acceleration will occur through the end
mass members. It can also be assumed that if M, or M, is large
compared 1o the other, that the smallest mass would have the
largest amplitude and vibration.

There are, therefore, many combinations of possibilities defin-
ing the relative effect of nonuniform motion of the center portion
of the driveshaft. It is, however, generally true that a balance of
torque loads must exist. The oscillating torque required to change
the angular velocity of J, must be supplied by some equivalent
oscillating 1orque on the rotating masses outside of J,, namely, M,
and M,.

This brings up the situation that exists when the driveshaft
operates at somewhat unequal joint angles. In this case, M, and
M, are subject to torsional oscillation from inequality of the joint
angles as well as from the nonuniform motion of J,. [n Fig. 21, 8,
and f, are assumed slightly unequal, while M, and M, are equal
and large compared to J,.

In this situation, the actual steady state condition could be
estimated to be approximately as follows:

M, and M, are excited torsionally through one-half the
amplitude of .

J, is 1orsionally excited through some joint angle which is
probably about equivalent to the average of @, and #.. An oscilla-
tory torque is imposed on M, and M, equally from the oscillatory
acceleration effects of J;. The summation of these oscillatory
torques show that they are out-of-phase relative to their effect on
the end of the driveshaft with the smallest joint angle end, and in
phase with each other relative to their effect on the largest joint
angle end.

This leads to the following generalized conditions with unequal
joint angles:

I. Torsional excitation effect is reduced on the member sup-
porting the end of the driveshaft with the smallest joint
angle.

2. Torsional excitation effect is increased on the member
supporting the end of the driveshaft with the largest joint
angle.

American Axle v. Neapco - IPR2025-00090
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Fig. 22 — Simulated three-joint system

These situations are very useful in analyzing installations
where the excitation created by nonuniform motion of the center
of the driveshaft creates disturbances within one of the supporting
members, such as 4 transmission. This excitation would usually
appear as a disturbance when transmitting very light or no torgue
loads; a floating type of noise or disturbance, when under light or
no torque loads, pars clatter through working clearances. To
improve this situation, slightly unegual joint angles with the smal-
lest angle at the disturbing element will often produce a much
smoother operating drive system.

For purposes of expressing the inenia effects of this two-joint
system the term inertia equivalent angle can be used. More
specifically, in a two-joint system, the inertia drive equivalent
angle is the joint angle of the first joint, while the inertia coast
equivalent angle is the joim angle of the second joint. In this
arrangement, the maximum inertia load is equivalent to the size of
the largest joint angle.

The same situation described for the simple two-joint system
applies to a multijoint system. The problem, while somewhat
more complicated, still shows the same general solution if the
multijoint combination is considered equivalent to a simple two-
joint system. Fig. 22 shows a simulated three-joint system with
the following nomenclature:

J, = Mass moment of inertia between joints | and 2.
J, = Mass moment of inertia between joints 2 and 3.
M, and M, = Effective mass moment of inertia at the system

ends.
6,, 6, and 6, = Joint angles

It is possible to draw an analogy of an equivalent simple two-
joint system, If J, and ], are approximately equal, the following
assumptions can be made:

I. Relative to My, J, is subjected ta torsional oscillations from

the effects of 6,.
2. Relative 1o M,, I, is subjected to torsional oscillations from
the sum of the effects of 8, and 8,.

3. Relative 10 My, J, is subjected ta torsional oscillations from
the effects of 6;.

Relative to My, ], is subjected to torsional oscillations from
the sum of the effects of @, and 5.

If the joint angles are all in a common plane and with parallel-
parallel phasing of the yokes as shown in Fig. 22, the residual
joint angle or torsional equivalent angle of the system was previ-
ously shown to be:

4.
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b = VOE = 6F 7 87

For purposes of determining the inertia effects of this three-
Joint system, equations can be established by working from each
end of the driveline. These expressions can be termed ineriia
equivalent angles. The inertia drive equivalent angle is the joint
angle of a single joint which will produce the same maximum
acceleration as the maximum of the sum of the accelerations of all
but the last joint in the driveline. The inertia coast equivalent
angle is the joint angle of a single joint which will produce the
same maximum acceleration as the maximum of the sum of the
accelerations of all but the first joint in the driveline. These two
inertia equivalent angles are:

0p = V20, — 67

ec v 2632 — 622

It was previously indicated that arithmetical values only are
significant and that the negative sign possibility is ignored.
As an illustration, assume 6, = 5 deg, 8, = 6 deg, and 6, = 4
deg.
Ores = V(5 — (6)* + (4)°
=5
Ores = 2.24 deg

8p = V2 (5¢ — (67

- ViE
Oy = 3.74 deg
fc = V2 @y - (6
=14
Bc = 2.00 deg

From these results, the following obvious relationship can be
established:

an = 6:2 =2 91-%-2
14 -4=2x35
10 =10

This three-joint system, therefore, is equivalent to a one-piece
driveshaft installation with J = J, or J, because they are assumed
equal and with angles of 3.74 deg and 2.00 deg.

As with the case of the torsional equivalent angle, it is possible
to express the inertia equivalent angles for the four principal phase
relationships as follows, if the three joint angles lie in a common
plane:
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Fig. 23 — Vectorial solution for inertia equivalent angles

Phasing
Arrangement Inertia Equivalent Angle
by O
Parallel-Parallel V26, — 6. V202 - 0.2
Crossed-Parallel V26,2 + 6.° AT
Parallel-Crossed V262 — 6,° V20, + 6.7
Crossed-Crossed ~ V 26,* + 6.7 V204 + 6.2

Also, any random selection of out-of-plane joint angles or
phasing can be considered by expanding the vector solution to
include these possibilities in very much the same way as was
illustrated with the graphical procedure outlined for the torsional
equivalent angle.

In illustrating the graphical procedure for determining the iner-
tia equivalent angles, the same general three-joint driveline ar-
rangement shown in Fig. 18 is used where none of the shafts lie in
the same plane. An end view of the two intermediate shafts is
shown in Fig. 19 where the planes of the joint angles are plotted
and the planes of the yokes superimposed over this same plot. The
phasing of the yokes is that which is required to produce constant
output velocity or zero residual joint angle for the system. For
these phase relationships of the yokes, Fig. 23 shows the vectorial
solution for the inertia drive and inertia coast equivalent angles of
the three-joint system. Since this vectorial solution is for the
optimum phasing condition, the inertia drive and inertia coast
equivalent angles are equal and oppositely directed or in phase
opposition to each other as shown. The basic steps used are the
same as for the vectonal solutions illustrated in Figs. 15, 17, and
20.

In a system having n number of joints in series, the general
solution for the inertia drive equivalent angle can be expressed as
follows:

Bt =(n— DT E =204, -i(l)ezm-n + (0)3.12

where the torsional amplitudes of the joints are vector quantities
and must be added accordingly. The general solution for the

T = INPUT TORQUE
T, =OUTPUT TORQUE
© = JOINT ANGLE

C = SECONDARY COUPLE T TAN &

D = DRIVING YOKE .

d = DRIVEN YOKE

INPUT TORQUE T IS ASSUMED CLOCKWISE
WHEN VIEWED FROM LEFT END.

Fig. 24 — Cardan joint secondary couple at rotational position
(a)

inertia coast equivalent angle can be similarly expressed as fol-
lows:

—

82=Mn—1)82x(n—2)8%_,,=(n—3)8 _,,=. . .= (08

m=1n— =370t

It was previously indicated that generally the optimum phasing
required in multijoint drivelines is dictated by the necessity 1o
minimize secondary couple excitation, which usually is more
significant than torsional or inertia effects.

Secondary Couple Forces—When a Cardan joint transmits
torque at an angle, an oscillating bending moment is produced by
this change in direction of torgue. This bending moment, which is
a function of torque and joint angle only, is called a secondary
couple 10 distinguish it from the primary or torque transmitting
couple. This bending moment differs from the primary or torque
transmitting couple in that it acts in the axial plane of the driving
and driven member yokes, is transferred into any connecting shaft
member, and is reacted by the supporting bearings.

Fig. 24 shows a Cardan joint in rotational position (a). This
position is one of the two square positions of a Cardan joint where
one of the yokes lies in the plane of the joint angle, while the other
yoke is normal or perpendicular to it. The secondary couple on the
driving yoke has a maximum value of T tan #, while on the driven
yoke., it is zero. Fig. 25 shows the joint in rotational position (b)
which is 90 deg of rotation from position (a) and is the other
square position. In this position, the secondary couple on the
driving yoke is zero, while on the driven yoke, it has a maximum
value of T sin . Thus, it is seen that the couples, while remaining
in the planes of the yokes, are cyclic in nature with a magnitude
from zero to maximum twice per revolution, and the resultant
couple forces react on supporting bearings with a complex excita-
tion. Fig. 26 shows the basic characteristics of a secondary couple
force on a supporting bearing. The result is equivalent to a static
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Fig. 25 — Cardan joint secondary couple at rotational position
(b)

force constant in size and normal to the plane of the joint angle
plus a dynamic force of equal magnitude with a rotational fre-
quency of two cycles per revolution. It is the rotating force which
produces a vibratory excitation on the bearing supports.

For small joint angles, the sine and tangent are approximately
equal. Also, for small angles, the sine and tangent are approxi-
mately equal to the angle expressed in radians. Therefore, the
couples within a joint are of essentially the same magnitude on the
driving and driven yokes. Since the couple on cach yoke varies
from zero 1o maximum twice per revolution and since it is
maximum on one yoke when it is zero on its mating yoke, the
couples alternate between a maximum and zero twice each revolu-
tion 90 deg out of phase with each other. With respect to each of
the rotating shafts, therefore, the couple stays in the plane of the
yoke and varies from a maximum value in one direction to a
maximum value in the opposite direction and back again once per
revolution. These maximum values always occur normal to the
plane of the joint angle.

For a given disposition or direction of the joint angle, the two
couples of a joint are sensed in the same clockwise or coun-
terclockwise direction. The direction of these couples can be
reversed by reversing the direction of the applied torque or by
reversing the direction of the joint angle.

When a second joint is added to a driveshaft, the resulting
installed arrangement is generally described as cither the parallel
shafts or the intersecting shafts arrangement. Fig. 27 shows the
paralle] shafts arrangement with parallel phasing of the inter-
mediate shaft yokes. Assuming equal angles at each end, this
condition produces equal and opposite hand couples on the inter-
mediate shaft, which cancel each other relative to supporting
bearings. The only effect of these couples is, therefore, to produce
an oscillating bending force on the intermediate shaft which
results in the shaft being bent in an arc as shown in Fig. 27. This
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Fig. 26 — Secondary couple force characteristics on a support-
ing bearing
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Fig. 27 — Parallel shaft arrangement with parallel intermediate
shaft yokes

arc is a true radius since the joint angles are equal. Because the
shaft is always bent in one direction from zero to maximum
deflection, the intermediate member in the plane of its yokes is
subjected to a completely reversed bending cycle at a frequency
equal to the speed of rotation. With this parallel shaft arrange-
ment, the support bearing structures must only withstand the
couple forces from the adjacent joint yoke. For example, the
maximum couple forces at bearing B in the two principal rota-
tional positions are as follows:

Couple T sin 8, (yoke d,)

¢ o Tsing,
Ly
Fi(le — L)) = FLa
o T \m g, L«
( =i L|’ Li
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Fig. 28 — Vectorial solution for resultant static and dynamic
forces

Couple T tan #, (yoke Dy)

F = T sin 0
Ls
F, = (L, = L)) = FL
By T sin 6, .Ii__
(Lz - LI) L.;

NOTE: For small angles, the sine and tangent are approxi-
mately equal. Arbitrarily, the sine is used here.

Couple T tan 6, (yoke D,)

T sin 6[
Lz = Ll

These couple forces may be summated at bearing B to deter-
mine the over-all effects. Fig. 28 shows the vectorial solution for
the resultant static and dynamic forces accomplished by a graphi-
cal method with the following steps:

A. By viewing bearing B in Fig. 27 from the direction of
arrows A-A, the vertical plane is established as the arbitrary
vertical reference axis for Fig. 28. The planes of joint
angles 8, and 8, lie in this plane with 8, sensed downward
and @; sensed upward. Also, the planes of yokes d; and D,
are located in the horizontal plane. This procedure is arbi-
trary.

B. The maximum value of a couple force occurs normal to the
plane of its joint angle. Since the planes of joint angles 6,
and 8, lie on the vertical reference axis, the maximum
vector values of the three couple forces are on the horizontal
axis. In Fig. 27, the maximum couple force at bearing B
resulting from couple T sin 8, is directed to the left from the
vertical plane when viewed from the direction of arrows
A-A, while the maximum couple force resulting from
couple T tan 8, is directed to the right. Likewise, the

R =

ROTATIONAL
POSITION (o}

RO TATIONA|
POSITION[b]

Fig. 28— Parallel shaft arrangement with crossed intermediate
shaft yokes

maximum couple force resulting from couple T tan 6, is
also directed to the right. Therefore, in Fig. 28, the
maximum value of couple force F, is located 90 deg
clockwise from the plane and sense of joint angle 8,. The
maximum value of couple force F, is located 90 deg
clockwise from the plane and sense of joint angle 6,. The
maximum value of couple force F,' is located 90 deg
counterclockwise from the plane and sense of joint angle

6,.

. It was previously shown in Fig. 26 that with reference to a
supporting bearing, the couple force is equivalent 1o a static
force constant in size and normal to the plane of the joint
angle plus a dynamic force of equal magnitude with a
rotational frequency of two cycles per revolution. There-
fore, in Fig. 28, the static force vectors F g, Fyg, and Fy'
are located as shown normal to their respective joint angles
and added vectorially without regard to yoke phasing. The
vectorial sum is the resultant static force Fyg and is located
as shown.

. When adding dynamic force vectors, yoke phasing is im-
portant. Yokes d, and D, are located in the same plane
(parallel phasing), while yoke D, is Jocated 90 deg from this
plane. The dynamic force vector Fyy, is directed horizon-
tally to the left to the point where the circular trace of F,
intersects the plane of yoke d,, which lies on the horizontal
axis, Vector F., is directed horizontally to the right to the
point where the circular trace of F, intersects the plane of
yoke D.., which lies on the horizontal axis. Vector F,;," is
directed horizontally to the left to the origin where the
circular trace of F," intersects the plane of yoke D,, which
lies on the vertical axis. The directions of all dynamic force
vectors are now sensed correctly and can be added vecto-
rially. The vectorial sum 1y the resultant dynamic force Fy,
and originates at the end of Fgg.

When the previous parallel shafts arrangement is considered
with crossed phasing of the intermediate shaft yokes, as shown in
Fig. 29, the only effect is to increase the resultant dynamic force
Frp, while the resultant static force Fgy remains the same. This
solution is shown in Fig. 30 for bearing B where the same steps
were followed as outlined in the graphical solution shown in Fig.
28. The relocation of yoke D, from the horizontal to the vertical
plane requires the reversal of the sense of the dynamic force
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Fig. 30 — Vectorial solution for resultant static and dynamic
forces
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Fig. 31 — Intersecting shaft amangement with parallsl inter-
mediate shaft yokes

vector F,p and results in the increased resultant dynamic force. In
studying these two solutions, it can be seen that for all conditions

of joint phasing in a given driveshaft installation, the resultant .

static force always remains the same, while the resultant dynamic
force varies.

Fig. 31 shows the intersecting shafts arrangement with parallel
phamngofﬂ:emtemwdmeshaftyokesaudassumgequal
angles at each end. Under this condition, the couples on the
intermediate shaft are of the same hand and in phase with each
other. These couples are supported through the length of ‘the
center portion of the driveshaft itself and result in the shaft being
bent in an S shape having a nodal point at the middle of the shaft
length as shown in Fig. 31. Because the shaft is always bent in a
given S shape from zero to maximum deflection, it indicates that
the intermediate member is subjected to a completely reversed
bending cycle at a frequency equal to the rotational speed. With
this intersecting shaft arrangement, the support bearing structures
at each end must withstand the couple effect of the adjacent joint
yoke as well as provide support for one of the force members from
the couple around the length of the intermediate shaft. Fig. 32
shows the graphical solution for the resultant static and dynamic
forces at bearing B where the same steps were followed as
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Fig. 32 — Vectorial solution for resultant static and dynamic
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Fig. 33 — Intersecling shaft arrangement with crossed inter-
mediate shaft yokes

outlined in the previous solutions.

‘When the previous intersecting shafts arrangement is consid-
ered with crossed phasing of the intermediate shaft yokes, as
shown in Fig. 33, the only effect is to reduce the resultant
dynamic force Frp, while the resultant static force Fpg remains
unchanged. This solution is shown in Fig. 34 for bearing B. The
relocation of yoke D, from the horizontal to the vertical plane
requires the reversal of the sense of the dynamic force vector Fap
and results in the decreased resultant dynamic force.

The previous two-joint driveshaft arrangements were consid-
ered with both joint angles lying in the same plane. The graphical
solution for the secondary couple effects can easily be extended to
arrangements where the joint angles donot lie in a common plane.

Since all the previous two-joint driveshaft arrangements were
considered with both joint angles in a common plane, it is also
possible to determine the couple effects by mathematical equa-
tions which can be easily developed and used. Fig. 35 shows the
parallel shafts arrangement with parallel phasing of the. inter-
mediate shaft yokes. The couples acting in this system are shown
with Lhegonnangl&expressed in radians rather than with the sine
or tangent, This procedure is permissible for small angles. The
maximum couple forces at bearing B are as follows:
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Fig. 35 — Parallel shaft arangement with parallel intermediate
shaft yokes
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When viewing the driveshaft system of Fig. 35 from the
direction of arrows A-A, the couple forces acting on bearing B
will be arbitrarily considered positive (+) if they act left trans-
versely (horizontally), and negative (—) if they act right trans-
versely. Therefore, the couple forces in the two principal rota-

ROTATIONAL
POSITION
COS wT

ROTATIONAL
POSITION
COS{wT-90°) Ly

dy

Fig. 38 — Parallel shaft amangement with crossed intermediate
shaft yokes

tional positions can be summated as follows:

F°r°,° & TEE cos wt e Thls cos wt
bearing B (L, — L)) L, (L —LpLy
T 6,

¢os ( wt — 90 deg)
L-L

This equation of the resultant force at bearing B must now be
expressed as aresultant static force and a resultant dynarnic force.
The resultant static force Fpg is simply the above expression
divided by two as follows:

Fie = Tel]-’z
R§ = —mm88M8M8m8 ™ — —
2L, ~LyLs

Thly _
AL ~LylLs

T,
2L, -Ly

The resultant dynamic force is, however, affected by the loca-
tion of the couples with regard to the two rotational position views
in Fig. 35. If the view of rotational position cos wt is assumed as
the reference view, then the signs of all the couple forces originat-
ing in the view of rotational position cos (wt — 90 deg) must be
changed to their opposite sign. Also, as in the static force equa-
tion, all couple forces must be divided by two. Therefore, the
resultant dynamic force is:

Fan = T 61 LZ
RD = iy
AL, ~Ly)L,

Ty L
2L, — LL,

T8,
2L, - Ly)

When the previous parallel shafts arrangement is considered
with crossed phasing of the intermediate shaft yokes as shown in
Fig. 36, the couple forces acting on bearing B can be summated as
follows:

Forceat _ _To L,
beating B (1, — Lijla

T6 L
(L2 = LiLs

cos Wt —

T o (ot — 90 deg)

cos (wt — 90 deg) —
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Fig. 37 — Intersecting shaft arrangement with parallel inter-
mediate shaft yokes

From this equation, the resultant static force is:

Ti8; By T8, L,
Fns i e AT I A
Z(Lg = Lj]L:; 2([-_1 = LI)LH
i
2L, = Ly

T 8y Ls TO: L,
F|u> = Ipgpee— e —
2(L, — L)Ly 2(]-»_- = L,)L,-,
e ﬁ,,LgL,,,
2(Esg— 1)

Fig. 37 shows the intersecting shafts arrangement with parallel
phasing of the intermediate shaft yokes. The couple forces acting
on bearing B can be summated as follows:

Force at T6O, L, ) T8O, L, )
. = - e oS Wl — -———-Z—— cos Wl
bearing B (1, - Loty (L: = LLy
- To cos (wt — 90 deg)
Lg = L)
From this equation, the resultant static force is:
T6, Ls T6, L,
Fis = = el e = o 2
AL, - LI)LIi 2(142 - Ll)L:i
T8,
- SRt M-
2(1-4 i L|)

and the resultant dynamic force is:

0y Ik Pl dis
Fipp = — —~—==w== e =
Z(L.' = LJ)L:l 2L, — L)L,y
_ T
AL — Ly)
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Fig. 38 — intersecting shaft arrangement with crossed inter-
mediate shaft yokes

When the previous intersecting shafts arrangement is consid-
ered with crossed phasing of the intermediate shaft yokes as
shown in Fig. 38, the couple forces acting on bearing B can be
summated as follows:

Force at T8, Ls T8 L,
= = cemesllTol ooyt = 2R

bearing B [ B ) (Ls = Ly)Ly

cos (wt — 90 deg) + 16

2 Li

cos (@t — 90 deg)

From this equation. the resuliant s1atic force is:

. T8; Ls T6, L,
=T e e s
2(L; — L)L, 2{Lar= L)Ly
PR i
2(Ls — Ly)

and the resultant dynamic force is:

T e Ld ﬂ'} »
Fup = = ~ L i T01s =
2(Ly — Ly)Ly 2(L, = L)L,
2L — L))

The graphical and mathematical procedures for the secondary
couple effects used in the previous two-joint driveshaft arrange-
ments can also be applied to drivelines having three or more joints
in series. In fact, in multijoint drivelines, these couple effects are
usually more significant than torsional or inertia excitations.
Therefore, optimum phasing is generally dictated by the desire to
minimize secondary couple disturbances at the relatively sensitive
shaft support bearings in multijoint drivelines.

The driveline, however, assumes a varying geometry due to
suspension movements and vanous driving modes to which a
vehicle may be subjected. Hence, acompromise on phasing must
be made in order to minimize the major disturbance for a specific
dynamic driveline condition.

Fig. 39 shows a typical three-joint driveline in two principal
rotational positions with the four secondary couples which influ-
ence the resultant forces on the shaft support bearing. Fig. 40
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Fig. 39 — Secondary couples which influence shaft support

bearing
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D = DRIVER YOKE
d = DRIVEN YOKE

Fig. 40 — Typical three-joint driveline

shows a typical three-joint driveline in top and side views. The
vectorial solution is used in an illustrative problem to determine
and compare the secondary couple effects at the support bearing
for various yoke phasing combinations.

For a four-passenger load wide-open throttle (WOT) forward
start or maximum wheel slip (tractive effort) condition in a typical
small passenger car, the following driveline data is assumed:

T = 5000 Ib-in (assumed clockwise when viewed from

front of car)
B,y = 0°53'03"
Gy = 2°12"24"
Boy =0°
6.y = 5°18'00"

B = 0°53'03"

Oy = 1°22'24"

L, = 26.33 in
Le = 29.26 in
Ly = 34.32 in

The true joint angles are found as follows:
tan 0, = (tan B,4)* + (tan B,y ¥
= (0.015433)* + (0.038533)°
tan 6, = 0.041509
6, =2°22'37"
6, = 5°18'00"" = Ooy (024 = 0 deg)
tan 83 = (tan Bg)* + (1an Bgy )
= (0.015433% + (0.023974)

tan 63 = 0.028512

0 = 1°37759"

The maximum couple forces on the shaft support bearing are as
follows:

Couple T sin 6, (yoke d,)

B = T sin 8,
L,
_ 5000 x 0.041474
26.33
F, =7.28761b

Couple T tan 8, (yoke D,)

T sin 6,
L,

Fg =
_ 5000 X 0.092371
26.33
Fy =17.541 1b

Couple T sin 8, (yoke d,)

, Tsin8: L,
Bl e it A
L Ls
_ 5000 x 0.092371 x 29.26
26.33 x 34.32
F,' = 14,955 Ib
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Fig. 41 — Secondary couple force vectors

Couple T sin 8; (yoke Dj)

- T sin 63 Lq
R
L Ls
_ 5000 x 0.028498 x 29.26
26.33 x 34.32
F, =4.6141b

NOTE: Forsmall angles, the sine and tangent are approximately
equal. Arbitrarily, the sine is used here.

Although they can be constructed as one figure in the following
vectorial solution, the single vectors and the various combinations
on the two shafts are shown separately in sequence for conveni-
ence of explanation.

Fig. 41 shows the trace of the force F, on the support bearing
from the couple at yoke d,. Because the couple varies as the sine
of the angle of rotation of the driving yoke, the force must also
vary at this angle, and makes the trace of the force a circle which
passes through zero. The maximum value of this trace occurs
normal to the plane of the true joint angle, and gives the effect of a
static force equal to onc-half of the maximum force plus a
dynamic force equal to one-half of the maximum force acting at
the end of the static force. This dynamic force has a rotational
frequency of twice shaft speed. When viewing the front shaft
from the right or rearend in Fig. 40, and using the vertical plane as
the arbitrary vertical reference axis, locate the plane and sense of
joint angle 6, upward and to the right. As shown, the plane of this
angle is determined by constructing the tangents of the side and
top view component angles. The maximum value of force F; is
located 90 deg counterclockwise from the plane and sense of joint
angle ;. The vector representing this force may be more readily
visualized as the two vectors previously described. One vectoris a
static force F;5 at 90 deg counterclockwise from the plane and
sense of the joint angle and the other vector is a dynamic force Fyp
of the same magnitude beginning at the end of Fs.

Fig. 42 shows the trace of the force F; on the support bearing
from the couple at yoke D,. The same vertical reference axis in
Fig. 41 must be used here. Also, the plane and sense of joint angle
8, coincide with this axis as seen in Fig. 40. The maximum value
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Fig. 42 — Secondary couple force vectors
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Fig. 43 — Vectorial solution for front shaft secondary couple
forces

of F, is located 90 deg counterclockwise from the plane and sense
of this angle. Therefore, the static force Fys is also located in the
same 90 deg counterclockwise position and the dynamic force Fp
of the same magnitude starts at the end of Fos.

Itis now possible to combine the static and dynamic vectors of
forces arising from the two yokes on the front shaft to obtain the
net effect of these forces on the support bearing. The first results
to be shown are for the case of yokes d; and D, lying in the same
plane (parallel phasing). This solution is shown in Fig. 43, where
these yokes lie in the horizontal plane, which, is arbitrary. Since
the angular setting of yoke d, relative to yoke D, does not alter the
relationship of F,s and F.g, these vectors may be added without
regard to yoke phasing. Thus, the resultant front shaft static force
F;s 4 98 = 12.51 Ib.

In adding dynamic force vectors, phasing is important. The
vector Fy, is angled downward and to the left from the end of F;s
to the point where the circular trace of F; intersects the plane of
yoke d,, which lies in the horizontal plane. Vector Fap, is directed
horizontally to the left to the point where the circular trace of F;
intersects the plane of yoke D,, which lies in the horizontal plane.
With the directions of the dynamic force vectors now sensed
correctly, they can be added vectorially. Thus, the resultant front
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Fig. 44 — Vectorial solution for front shaft secondary couple
forces

TRACE OF Fyg 420

/-VEF{TICAL. REF AXIS

Fipe2p =483°

PLANE OF YOKE B2

Fig. 45 — Vectorial solution for front shaft secondary couple
forces

shaft dynamic force Fyp ;. op = 12.5] Ib and originates at the end
of Fis 4 2.

Fig. 44 shows the net effect of the front shaft forces on the
support bearing for yokes d, and D, at 90 deg (crossed phasing).
Fis + og remains the same as before at 12.51 |b. The plane of yoke
D, is maintained in the horizontal plane, while the plane of yoke
d, is relocated to the vertical axis. Therefore, vector Fyp remains
sensed horizontally to the left, but vector Fp is angled upward
and to the right from the end of F;s to the point where the circular
trace of F, intersects the plane of yoke d;, which lies on the
vertical axis. Thus, F,p + 2p = 5.32 Ib and originates at the end of
Fis 4 28

If an absolute minimum vibrating force is desired, the yokes
should be phased so that F, and Fp, are exactly opposite in sense.
Fig. 45 shows the yoke phasing necessary in order to minimize the
sumn of these dynamic force vectors. Fyg 4 o5 remains the same as
before at 12.51 Ib. The plane of yoke D, is maintained in the
horizontal plane with vector Fp, sensed horizontally to the left.
Therefore, the trace of F; must intersect the plane of yoke d, at a
point horizontally to the right of the end of F,s. With F,y and Fp
now sensed at 1 80 deg to each other, the minimum Fyp, 4 op = 4.83
1b and originates at the end of Fys 5, The angle between yokes d,
and D, is measured as 102 deg and is the phase angle required at
the front shaft to obtain the minimum couple disturbance from this

REAR YOKE PIVOT AXIS
PLANE OF YOKE Dj

FRONT YOKE PIVOT AxIS
PLANE OF YCKE d,

Fig. 46 — Front shaft yoke phasing
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Fig. 47 — Secondary couple force vectors

shaft at the four-passenger load wide open throttle start condition.
Fig. 46 shows this yoke phasing when the front shaft is viewed
from the rear. The plane of the front yoke d, is 78 deg coun-
terclockwise from the plane of the rear yoke D,.

The influence of the rear shaft couples on the support bearing
disturbance are determined vectorially applying the same
methods used for the front shaft. Fig. 47 shows the trace of the
force F,' on the support bearing from the couple at yoke d;. When
viewing the rear shaft from the right or rear end in Fig. 40, the
same vertical reference axis as before must be used, since the
effects of the two shafts have to be considered in proper phase
with each other in order to obtain the final net effect of both shafts.
Obviously, the planes of yokes D, and d, must be at 90 deg to each
other, and if Fig. 39 is reconsidered, it is evident that the couple
force of D, acting at the support bearing is opposite to the couple
force of d,. Since joint angle 6, lies in the vertical plane, the
maximum value of F,’ is located 90 deg clockwise from the plane
and sense of this angle. Therefore, the static force F,q' is also
located in the same 90 deg clockwise position, and the dynamic
force Fyp' of the same magnitude starts at the end of Fyg'.
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Fig. 48 — Secondary couple force vectors
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Fig. 49 — Vectorial solution for rear shaft secondary couple
forces

Fig. 48 shows the trace of the force F; on the support bearing
from the couple at yoke D;. The same vertical reference axis as
before must again be used here. As seen in Fig. 40, the plane and
sense of joint angle @, is located downward and to the left. As
shown, the plane of this angle is determined by constructing the
tangents of the side and top view component angles. The
maximum value of F; is located 90 deg clockwise from the plane
and sense of joint angle 85. Therefore, the static force Fyg is also
located in the same 90 deg clockwise position and the dynamic
force Fyp of the same magnitude starts at the end of Fas.

The vectors for the rear shaft forces can now be combined in the
same manner as the net front shaft forces were resolved. Fig. 49
shows the case of yokes d, and D, lying in the same plane (parallel
phasing). Since the plane of yoke D; was maintained horizontal in
Figs. 43-45, the plane of yoke d, and D, must be vertical in Fig.
49, The resultant rear shaft static force Fo5', 35 = 5.68 1b and the
resultant rear shaft dynamic force Fop'y 3p = 5.68 Ib.

Fig. 50 shows the net effect of the rear shaft forces on the
support bearing for yokes d, and D, at 90 deg (crossed phasing).
Fzs' + 35 remains the same as before at 5.68 Ib. The plane of yoke
d. is maintained on the vertical axis, while the plane of yoke D, is
relocated to the horizontal plane and thus Fpp' | 3p increases to
9.50 Ib.

TRACE OF Fap' + 3p

Fao' 430 = 5.68°
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Fig. 50 — Vectorial solution for rear shaft secondary couple
forces
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Fig. 51 — Vectorial solution for rear shaft secondary couple
forces

Fig. 51 shows the yoke phasing necessary in order to minimize
the sum of the dynamic force vectors. As before, Fys' , 55 remains
the same at 5.68 Ib. The plane of yoke d, is maintained on the
vertical axis with Fop' sensed horizontally to the left. Therefore,
the trace of Fy must intersect the plane of yoke D, at a point
horizontally to the right of the end of F;s. With F,p," and Fyp now
sensed at 180 deg to each other, Fop' 1 sp1s aminimum at 5.17 Ib.
The angle between yokes d; and D; is measured as 15 deg and is
the phase angle required at the rear shaft to obtain the minimum
couple disturbance from this shaft at the four-passenger load
wide-open throttle start condition. Fig. 52 shows this yoke phas-
ing when the rear shaft is viewed from the rear. The plane of the
rear yoke Dy is 15 deg clockwise from the plane of the front yoke
dg.

To obtain the combined effect on the support bearing of the
couples from both shafts, the net front and rear shaft static and
dynamic forces can be added vectorially in any phasing combina-
tion desired. The best combination for minimum resultant
dynamic force would be from Figs. 45 and 51 and is shown in Fig.
53. The resultant static force Fye 7.40 Ib. The resultant
dynamic force Fgp = 10.00 Ib and originates at the end of Fgs.
(Since this is an illustrative problem, it should be noted that this
value for the resultant dynamic force is generally too high to be
acceptable in a passenger car as is shown in the section on
Secondary Couple Excitation . Therefore, changes in the driveline
geometry must be made in order to reduce this force.)

Since there is a possibility of confusion in setting yokes at odd
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Fig. 52 — Rear shaft yoke phasing

angles when the shafts are manufactured, it is of interest to know
what percentage increase in disturbance might be expected if the
yokes are placed at the nearest 90 deg setting to the optimum
position. In studying Figs. 43, 44, 49, and 50, itisevident that the
crossed (90 deg) phasing of the front shaft shown in Fig. 44 and
the parallel phasing of the rear shaft shown in Fig. 49 would be the
next most desirable arrangement. Fig. 54 shows the solution for
this arrangement. Fys remains at 7.40 Ib and Fgy, increases to
10.99 Ib. Since the vibrating force increase is only 9.90%, it
appears reasonable to accept the crossed-parallel phasing combi-
nation for the driveline at the drive condition studied.

Various other operating conditions must be analyzed by the
preceding vectorial method to complete a study of the couple
disturbance and finalize on the yoke phasing combination to be
used. In order to achieve an acceptable low disturbance level, it
may be necessary to make various adjustments in the driveline
geometry including revised engine and pinion shaft angles. In
addition, it may be necessary lo substitute one or more constant
velocity joints, such as double Cardan joints in place of Cardan
Joints. The use of a constant velocity joint may be especially
required next to the sensitive support bearing in a three joint
driveline for a passenger car application. The same procedure
used in analyzing the couple forces on the support bearing can be
applied, if desired, at the bearing supports on the transmission and
pinion shaft ends of the driveline.

In order to accurately determine the couple forces acting on the
supporting bearing structures, the dynamic operating condition of
the drivetrain should be simulated with a computer program. High
torque loads, when applied to the drivetrain, cause the various
drivetrain components to shift to new positions from their initial
static locations. The dynamic position of the drivetrain is needed
if the true couple forces on the supports are to be predicted. Also,
the true torsional and inertia equivalent angles can then be deter-
mined.

Excitation and Effects

The nonuniform angular motion characteristics of the Cardan
joint produce fluctuating speeds and torques, which cause excita-
tion in the driveshaft and its supporting members. This excitation
can be classified generally into one of three basic types, each with
its own distinctive characteristics and effect. The disturbances
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Fig. 53 — Vectorial solution for resultant static and dynamic
forces
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Fig. 54 — Vectorial solution for resultant static and dynamic
forces

resulting from these different excitations can be identified by
these characteristics and general maximum limits of allowable
excitation established based upon experience in similar installa-
tions.

Torsional Excitation — The nonuniform velocity obtained
when a Cardan joint operates at an angle produces a torsional
vibration. In a driveline having two or more joints in series, it is
desirable to have the individual joint angles arranged such that the
net result produces uniform velocity characteristics over the sys-
tem when optimum yoke phasing is employed. Since if is practi-
cally impossible to maintain the desired joint angles throughout
the operating range, it is necessary to determine some maximum
limit of torsional excitation which can be considered as generally
acceptable. The effect of two or more joints operating in a
driveline can be combined and expressed as an equivalent single
joint angle called the rorsional equivalent angle. The procedure
for detcrmining this cquivalent anglc of a driveline system was
described previously.

The amplitude of torsional oscillation which can be accepted
without causing excessive disturbance depends upon operating
speed and characteristics of supporting structures and other units
in the driveline and drivetrain system. It has been found that if this
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excitation is maintained under approximately 400 rad/s/s
maximum angular acceleration in any continuous operating posi-
tion and speed, the driveline is generally satisfactory in passenger
car and most truck installations. This excitation level is equivalent
to driving the system with a single joint at an angle not exceeding
approximately 3 deg at 3600 rpm. Certain other highway as well
as off-highway vehicles, agricultural equipment, power take-off,
and stationary installations may tolerate other and generally
higher levels of excitation. Fig. 9 shows the effect of rotational
speed and joint angle on maximum angular acceleration and can
be used in analyzing various driveline systems.

Excessive torsional excitation can be identified usually by the
following characteristics:

A. Torsional vibration produces oscillating reaction torque on
major supports. This vibration can excite the engine and
transmission mounts and rear axle suspension supports
especially through any resonant frequency of these mount-
ings. The disturbance is usually frequency and torque sensi-
tive. Often extreme peaks of disturbance will occur through
a short speed range under specific loading conditions. This
disturbance very often occurs under full drive or full coast
where angles are more severe and deflected supporting
mounts have their highest vibration transmitting charac-
teristics.

B. The torsional fluctuation of the supporting shafts can cause
load and unload cycles on the driving members. This
characteristic tends to accentuate gear noises and clatter
which otherwise may not be noticeable.

C. Rotating components not under load are often oscillated
within their backlash limitations. This characteristic can be
especially disturbing where these rotating members have a
response frequency that corresponds with two cycles per
revolution within the operating range.

Inertia Excitation — This excitation is produced by the oscil-
lating torque loads resulting from the driveshaft inertia being
accelerated through nonuniform motion. This condition exists in
any driveshaft operating at a joint angle and exists even when
torsional excitation is eliminated by exactly equal angles in a
two-joint installation. The inertia of the intermediate member in a
driveshaft produces fluctuating torque loads due to its changes in
angular velocity. The level of torsional fluctuation depends upon
the size of the joint angle and the inertia of the intermediate
member. This type of fluctuation limits the size of the maximum
joint angle which is acceptable in an installation.

It has been found that automeotive vehicle installations are ex-
tremely sensitive to this type of excitation and to the disturbance it
creates. Generally, for average passenger car and light-duty truck
installations which have a relatively large driveshafi inentia, the
acceptable excitation level must be kept under a maximum accel-
eration of approximately 1000 rad/s/s in any continuous operating
position. This maximum acceleration is equivalent to operating
the shaft with a single joint at an angle not exceeding approxi-
mately 4% deg at 3600 rpm. A long one-piece, two-joint driveline
generally falls into this class of installation. Where the driveshaft
inertia is relatively small, as is the case often in many multipiece
truck driveline systems, the maximum acceleration can be in-
creased to 2000 rad/s/s for reasonable limits of excitation from the
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inertia on nonrotating members. This maximum acceleration is
equivalent to an angle not exceeding approximately 8 deg at 3000
pm.

Extremely short, small diameter driveshafts used in some truck
applications allow this increased acceleration, due to the rela-
tively small inertia of the driveshaft. Certain other highway as
well as off-highway vehicles, agricultural equipment, power
take-off, and stationary installations may tolcrate other and gen-
erally higher levels of excitation. Fig. 9 can be referred to when
analyzing inertia problems in drivelines. Also, the procedure for
determining the inerria equivalent angles of a driveline system
was described previously.

In multipiece shaft installations, it is possible to arrange the
joint angles in the systemn with proper yoke phasing so that the
acceleration of the shafts are in phase opposition to each other and
reduce the effect on the over-all system. This type of arrangement
can allow the use of larger joint angles for those applications
where cancellation can be achieved. The typical three-joint instal-
lation in an automotive vehicle generally does not allow full
advantage of this cancellation due 1o the joint angle arrangement
and yoke phasing required to cancel or reduce secondary couple
forces at the shaft support bearing.

Inertia excitation usually produces disturbances in the unloaded
or very lightly loaded drive condition. The effects are quite
similar to that of torsional excitation except usually being iden-
tified with unloaded operating conditions. This excitation shows
up most often during a float down condition. Under these light
loads, components in the driving system are allowed to reverse
and clatter through their backlash and clearance limitations. The
resulting disturbance is usually extremely disturbing due to the
generally low noise level of the operating condition where inertia
excitation occurs. Since response characteristics of the vehicle
must resonate the inertia excitation, the disturbance is frequency
sensitive.

Secondary Couple Excitation—The secondary couple is a
bending moment which results from a Cardan joint transmitting
torque at an angle. In a dnveline, the secondary couples react on
both the supporting structures and the intermediate shaft or shafts.
They can produce an effect like critical speed by shaking the
supports twice per revolution. The vibration of the supports can
cause a response of the driveline itself at one-half of the frequency
where a normal critical speed would occur. The couple effect on
the intermediate shaft or shafts is a one per revolution excitation
and only adds to other one per revolution effects such as unba-
lance. The couple effect is also evident in joint assemblies having
end clearance in the bearings. Here, the yokes are forced back and
forth endwise on the cross trunnions by the couple force at a cyclic
frequency of once per revolution.

Support response itself can be a major cause of disturbance.
Disturbances resulting from the couple force reactions will usu-
ally occur during some frequency response range and increase
directly with the transmitted torque. Shaft support bearings of
multipiece drivelines for automotive vehicles are quite critical to
this excitation. The couple forces will excite this support bearing
when the driveline is rotating at a speed equivalent to one-half of
the support bearing natural frequency. A low frequency, low
damping support bearing required to produce good isolation at
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Fig. 55 — Cardan universal joint

high speeds will often respond to these couple forces at low
speeds. Support bearings of this type usually have a critical or
natural frequency of 1000 to 2000 cpm and, therefore, they will
be excited at 500 to 1000 rpm driveline speed.

Experience in driveline installations having shaft support bear-
ings has shown that the dynamic or rotating couple force should
be maintained under a certain maximum value in order to prevent
an objectionable shudder-type of vibration. In Table ] are shown
the limits on the oscillating force, which have been found to be
generally acceptable at maximum transmitted torque. These rotat-
ing couple forces act twice per driveshaft revolution on the shaft
support bearing.

Table 1 — Maximum Dynamic Couple Forces

Instaliation Maximum Dynamic (Rotating) Couple Force,
Pounds
Passenger Cars ]
Light-Duty Trucks 15
Medium-Duty Trucks 25
Heavy-Duty Trucks 75

A shaft support bearing must be studied primarily to obtain
acceptable cancellation. The procedure for determining the sec-
ondary couple forces on the support bearing was shown previ-
ously in an illustrative problem. Since these forces are torque and
rear suspension jounce (or load) sensitive, the wide open throttle
start condition of the driveline is generally most important.

Design

The various components of a typical Cardan joint, shown in an
exploded view in Fig. 55, must be designed to provide the
necessary joint angularity, strength, and life requirements for a
given application. In a typical Cardan joint, the yoke is the basic
torque and motion input and output member with drivable means

Fig. 56 — Needle roller bearing and cross trunnion

of attachment, while the cross is the intermediate drive member
which has four equally spaced trunnions in the same plane. The
ultimate strength of the joint must be safely in excess of the
maximum applied torque which can be developed by various
loading modes discussed in the chapter on Basic Driveline Re-
quirements. The ultimate strength is the maximum applied torque
at which failure of any of the joint’s components will occur,

Initially, a tentative bearing size with a given number of needle
rollers, as the rolling elements, must be determined. The bearing
configuration must have the dynamic capacity to transmit power
for a required period of time at various torques, speeds, and joint
angles. Generally, this tentative bearing size selection is deter-
mined by analytical means. In the section on Rating Procedure
and Joint Size Selection, a method is shown for determining this
dynamic capacity. In addition, the desired yoke ear, cross trun-
nion, and bearing seal configuration must be assumed. If the
components can be assembled with ease, it is then possible to
proceed with other computations and design procedures.

Fig. 56 shows a cross sectional view of the assumed needle
roller bearing and cross trunnion. The bearing is acted upon by the
torque couple force F which is assumed to be concentrated at the
centroid of the projected bearing area on the cross trunnion,
formed by the trunnion diameter D and the effective length L of
the needle rollers. For a given torque T acting on the joint, the
torque couple force is:

American Axle v. Neapco - IPR2025-00090
PET AAM 1012-0070



COMPLETELY REVERSED

1 000 Ty
P - -
[+ 18 4
c 4
a ]
- 100+ =
] = =
W - =
w - N
{+ 4 L §
-

b 5 _
10 PO T D WU i sl O T W
103 1ot 10® 108
LIFE~CYCLES;
Fig. 57 — S-N curve for cross
where:

T = Torque, lb-in
R = Torque radius, in
F = Torque couple force, 1b

When the joint is operated at a zero degree joint angle and has
equal length torque radii in both driving and driven yokes, the two
pairs of couple forces are equal and opposed. The bending
strength of the cross trunnion at section A-A due to the torque
couple force can be determined. Section A-A is assumed at the
tangent point of the fillet radius, r, with the trunnion or journal
diameter, D. If the cross has one or more stepped diameters such
as D, with blending fillet radii connecting the trunnion to the
body, these sections also must be analyzed for strength. The fillet
radii act as points of stress concentration and, therefore, must be
considered in the design of the cross. The nominal bending stress
at section A-A has a maximum value at the outermost fiber and is:

FL,
A

Sh e
where:
L = Bending moment arm, in
Z = Area section modulus, in®

For a round solid section, the section modulus is:

z="£

32
where:
D = Trunnion diameter, in

However, some cross trunnions have lubrication reservoirs or
holes which extend below the trunnion area into the center of the
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FULL COMPLEMENT TYPE

CAGED TYPE

Fig. 58 — Needle roller bearing types

body. For this hollow section trunnion configuration, the section
modulus is:

=
32

(D‘ = D;‘)
D

2=
where:
D; = Inside diameter of trunnion, in

The nominal bending stress applies to a trunnion without a point
of stress concentration or a stress raiser, When a trunnion with a
stress raiser is considered, the maximum or effective stress S’ is
affected by the geometric or theoretical stress concentration factor
K; and is expressed as follows for a solid section trunnion:

Z D8

Sy’ = K, = KiFL _ 32KiFL

Therefore, it is possible to compute the maximum or effective
stress from static ultimate and yield torque test data for a given
cross trunnion. This limiting stress value can then be used with
sufficient accuracy to predict the strength of other cross designs
which have the same material and heat treatment as well as similar
geometric configurations. Appendix D shows values of K, for
various shoulder fillet radii. In the case of the hollow section
trunnion, consideration must also be given to the machining and
heat treatment effects in the hole on the overall value of K,.

For a carburized and hardened cross trunnion, a typical ulti-
mate bending stress of 220 000 psi, which includes the effect of
the shoulder fillet stress concentration factor, can be used in
estimating the required trunnion size. Also, it is possible to
predict the fatigue life of a cross at various stress levels with the
use of an S-N curve. Fig. 57 shows such a typical curve based on
B, fatigue test data for fully reversed bending of a carburized and
hardened cross where failures were concentrated in the area of the
critical trunnion fillet radius, which represented a given theoreti-
cal stress concentration factor.

When the ultimate strength of the cross trunnion is determined,
it is possible to finalize the tentative bearing design. The basic
bearing design can be either the full complement needle roller or
the caged needle roller type as shown in Fig. 58. The commonly
used full complement needle roller bearing has proven more suc-
cessful in the smaller joint sizes, while the caged needle roller
bearing has been used to some degree in the larger joint sizes for
severe service. Also, in certain very lightly loaded and very slow
speed applications, such as steering shafts, no needle rollers have
been used at all in the bearings of some joints.
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Fig. 80 — Cylindrical and controlled contour needle rollers with
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Both the spherical end rollers and the flat end rollers shown in
Fig. 59 have been generally used in full complement bearings.
The spherical end type has been most widely used and is the most
economical type. The flat end type of roller provides the
maximum effective contact length for a given roller length.

In the case of the spherical end roller, it can be made as a
cylindrical roller or as a controlled contour or relieved end roller
as shown in Fig. 60. Also shown in this figure are the comparative
contact stress patterns for ideal bearing alignment and for a
misaligned bearing when the mating bearing raceways in the
bearing cup and on the cross trunnion are cylindrical. It has been
found that bearing life can be extended when using relieved end
rollers because the stress concentrations at the roller ends are
decreased as shown in Fig. 60. The effects of manufacturing
inaccuracies or misalignment caused by deflections due to the
transmitted torque are minimized. The use of a crowned raceway
in the bearing cup, or on the cross trunnion, or on both compo-
nents with cylindrical rollers, has also proven beneficial for much
the same reasons.

With regard to needle roller proportions, the length-to-diameter
ratio generally has been in the relatively wide range of 3.50 to
8.50. The minimum permissible diameter of the roller is deter-
mined by its compressive strength value. In passenger car applica-
tions rollers as small as 0.0625 in diameter have been successfully
used, while in heavy-duty truck applications, rollers as large as
0.125 in diameter or larger are employed. The roller length can
vary considerably in the different bearing designs. Theoretically,
universal joint capacity increases with roller length, suggesting
that as long a roller as possible should be used. However, practi-
cal limitations are imposed by cross and yoke deflections and by
bearing clearances employed. These clearances will affect the
skewing tendency of the rollers which can result in bending forces
imposed on them and lead to subsequent roller failure.

DIAMETRAL
CLEARANCE

CIRCUMFERENTIAL
CLEARANCE

(clearances shown are greatly exaggeroted)

Fig. 61 — Circumferential and diametral clearances for a full
complement needle roller bearing

For a full complement needle roller bearing, the circum-
ferential and diametral clearances are shown in Fig. 61. Certain
minimum values are desirable for optimum bearing life. For
passenger car applications, a total minimum circumferential
clearance (c.c.) of 0.0012 in is generally recommended to obtain
the ultimate in needle roller guidance. Since the bearing motion is
oscillatory, the diametral clearance (d.c.) can also be quite small.
The usual recommended minimum diametral clearance is 0.0001
in. Appendix C illustrates a bearing computation procedure using
typical automotive Cardan joint component dimensional toler-
ances and minimum bearing clearances. The total dimensional
tolerances for the cross trunnion diameter and bearing cup bore
are 0.001 in and for the needle roller diameter it is 0.0002 in.
These tolerances were selected because of economic factors. The
computed results show a wide variation of circumferential and
diametral clearances, and therefore, a wide variation in test results
may be possible. For larger size joints or those used in applica-
tions other than automotive drivelines, usually higher minimum
clearance values as well as larger component tolerances may be
used. Other dimensional features of the cross trunnion and bear-
ing cup bore, such as taper and out-of-roundness within the
operating length of the rollers, must be con:iroiied within given
limits, otherwise bearing life can be impaired.

After the dimensions and tolerances of a tentative bearing
design have been selected and computed, it is possible to proceed
with a compuration of the Hertz contact stresses between the
needle rollers and cross trunnion, and between the rollers and the
bearing cup bore. In Fig. 56 is shown a needle roller bearing and
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Fig. 82 — Needle roller radial load distribution

cross trunnion with the torque couple force F acting at the centroid
of the projected bearing area on the cross trunnion. This couple
force is assumed to be a pure radial load and when applied to the
needle roller bearing it is not evenly distributed on all the rollers as
shown in Fig. 62. With the rollers assumed to be positioned as
shown, and the torque couple force F applied at the center of the
trunnion, the individual radial forces at the rollers are as indi-
cated. In this bearing design, it is assumed that some radial
clearance exists. Therefore, the individual radial forces range
from a maximum value directly under the applied load to a zero
value at some angle less than 90 deg on either side. In the remain-
ing arc of the bearing, the rollers are completely unloaded. The
force at the highest loaded roller can be computed with the follow-
ing load distribution equation:

5.00F
n

P, =

where:
P, = Force on highest loaded needle roller, Ib
F = Torque couple force, Ib
n = Number of needle rollers per bearing
5.00 = Constant for needle roller bearing with radial play or
clearance. When a needle roller bearing has zero radial

clearance, the constant is 4.08 (per Stribeck and
Palmgren)
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Following computation of the force on the highest loaded nee-
dle roller at maximum torque, it is possible to determine the Hertz
contact or mean compressive stress between this roller and the
trunnion with Eq. A-22 shown in Appendix A. For convenience,
this equation can be expressed in terms of the diameters rather
than the radii as follows:

Sm = R
e

Sm = Mean surface compressive (Hertz contact) stress, psi
P, = Force on highest loaded needle roller, b

L = Effective needle roller length on cross trunnion, in

d = Needle roller diameter, in

D = Cross trunnion diameter, in

The Hertz contact stress between the roller and the bearing cup
bore can be computed with the following equation:

S, = 2464 Po (1 _1
L e s

where:
L, = Effective needle roller length on bearing cup bore, in
B = Beanng cup bore diameter, in

It is also possible to compute the contact stress between the
roller and trunnion with the following approximate equation:

Sm=2220
BF

where:
T = Torque, Ib-in

BF = Bearing Factor (This factor is defined in the section on
Rating Procedure and Joint Size Selection. Also, the
constant of 5.00 for the load distribution equation is
assumed to apply).

In most Cardan joint bearing designs, the contact stress be-
tween the roller and trunnion is higher than between the roller and
bearing cup bore. The allowable limits of the mean contact stress
at the maximum applied torque are discussed in detail in Appendix
A. At normal operating load conditions much lower stresses must
be employed.
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Fig. 63 — Bearing cup grind relief, trunnion chamfer and needle
roller end design features

Bearing life is also affected by the surface finish used on the
cross trunnion and bearing cup bore. Typical maximum rough-
ness height values used on the cross trunnion and bearing cup bore
are 30 and 35u in (arithmetical average), respectively, where
these finishes are based principally on economic considerations.
A finer finish means better bearing performance, and insofar as it
diminishes the progress of fretting corrosion, results in longer
bearing life.

To take full advantage of the relatively high radial load capacity
of needle rollers, the bearing components must be made of the
proper materials, as discussed in the following section on Mare-
rials Selection, and have optimum metallurgical structures. The
surface hardness, case hardness gradient, and core hardness range
of the cross trunnion and bearing cup bore must be adequate as
indicated in Appendix A.

Another characteristic which can add significantly to bearing
life is precession. This term, as used in universal joint oscillatory
bearing teminology, describes a condition where the rollers con-
tinually change position with respect to the bearing cup bore and
the cross trunnion so that the raceway wear condition appears to
be similar to that found in rotating bearings. Unfortunately, at this
state of the art, it is not known how to design this desirable feature
into an oscillatory bearing with any degree of reliability.

Also contributing significantly to bearing life, are the use of
proper design techniques in the area of the bearing configuration
containing the cup bore grind relief and the trunnion chamfer as
shown in Fig. 63. In good bearing design, it is desirable that the
cylindrical portion of the raceway in the cup bore and on the
trunnion be greater than the effective roller length. If the cylindri-
cal portion of the roller overhangs the grind relief in the cup or the
chamfer on the trunnion, as shown in Fig. 63 (a), roller stress
concentrations will occur which can cause premature bearing
failure. This potential source of failure can be circumvented by
maintaining minimum grind relief and chamfer length, as shown
in Fig. 63 (b), or by employing a steel or plastic thrust washer in
the bottom of the cup as shown in Fig. 63 (c). The thrust washer
prevents the roller from contacting the grind relief or chamfer
edges. Other design innovations which can prevent premature
bearing failure are the crankpin end rollers shown in Fig. 63 (d),
the conical end rollers shown in Fig. 63 (e), or the ball end rollers
shown in Fig. 63 (f).

An additional important factor contributing to optimum bear-
ing life is the provision of an adequate sealing means for the
bearing. The principal function of the bearing seal is to prevent the

BEARING SEAL—
(ELASTOMER TYPE)

SEAL RETAINER\ :

(a) (b)

AAAA .

BEARING SEAL A |F
(ELASTOMER TYPE)

BEARING SEAL _—~ SN
(PACKING TYPE)

DUST SHIELD
(SEAL RETAINER, .
ALTERNATE)

|
Cagtaed
(c) (d)

Fig. 84 — Typical bearing seal types

escape of lubricating fluid from or entry of foreign matter into the
bearing. In addition, the bearing seal which is a flexible member
must be capable of operating under varying environmental condi-
tions at various speeds, joint angles, and its design depends on
joint usage. When moisture gets into the bearing and mixes with
the products formed by normal lubricant breakdown, corrosive
compounds can develop that will react on all surfaces. Often a
joint failure which was initially attributed to bearing malfunction
would upon closer examination point to acid corrosion as the
contributing or primary cause. Corrosion in areas other than the
bearing raceways is indicative of seal, rather than bearing failure.

The typical bearing seal is generally of the elastomer or packing
types as illustrated in Fig. 64. These seal types can be further
classified as to venting or purging and nonventing or nonpurging
types. The elastomer type seals shown in Fig. 64 (a) and (b) are
typical of the nonventing types and are, therefore, generally used
in joints which are lubricated for life. A lubrication fitting or plug
cannot be used with the nonventing type seal and can only be
used, if desired, with the venting type elastomer seal illustrated in
Fig. 64 (c). The packing type seal, which is nonventing, is illus-
trated in Fig. 64 (d).

Another type of elastomeric seal shown in Fig. 3 (b) is a boot
seal. In certain applications, this seal is used to enclose the entire
joint.
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Fig. 65 — Typical bearing and retainer types

Bearing life is further influenced by the bearing retention
means employed. Misalignment of the bearing cup with respect to
the cross and end clearance between the cross and bearing cup
thrust surfaces must be controlled to close tolerances to prevent
premature bearing failure or unsatisfactory functioning of the
joint. Also, if the fit between component parts is too light,
detrimental results will occur. Therefore, proper design of the
bearing retention means is quite important. Fig. 65 shows the
various types of typical bearing and retainer constructions.

In the design of a typical yoke, preliminary strength computa-
tions can be made. In general, the design of the yoke ears require
special attention. These yoke ears are the projecting members of a
yoke which must resist the torque couple forces applied at the
joint bearings. The cross sections of the ears vary in size and
shape from the bearing cross holes to the yoke body.

A typical section of the ear is subjected to both bending and
torsional moments. Therefore, the combined stresses at various

sections should be computed and analyzed. Together with experi-
ence factors and test results, the ears can be designed and propor-
tioned for adequate strength. Since manual computations at
numerous sections are tedious and time consuming, a compuler
stress and deflection analysis procedure using the finite element
method can be readily applied to complex shaped components
such as yokes.

The important load-deflection characteristics of the Cardan
joint components and their effects on bearing life are often over-
looked. The yoke ears will deflect due to the applied torque and
the centrifugal force effects caused by the high rotational speeds.
For adequate bearing life, it is highly desirable to provide for
balanced yoke and cross deflection under torque loads so that the
needle rollers will not be pinched at either end, but are uniformly
loaded along their active length as shown in Fig. 66. This deflec-
tion characteristic can be accomplished by proper proportioning
of the yoke ear and cross trunnion sections through the use of
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Fig. 66 - Deflection characteristics

mathematical procedures, but generally the solution can best be
obtained by practical design experience and by analysis of test
results.

When the trunnion in a bearing design is relatively small and
the rollers are large in diameter, the trunnion is the weaker
member and the rollers are loaded at the radially inner end as
shown in Fig. 66 (a). The incorporation of smaller diameter
rollers allows the use of a larger diameter and, hence, stiffer
trunnion in the same space. This design procedure reduces the
trunnion deflection. If the yoke is the weaker member, roller end
loading can also result, but at the radially outer end as shown in
Fig. 66 (b). When the deflections of both the cross trunnion and
the yoke ear are balanced, the ideal loading condition shown in
Fig. 66 (c) exists and results in improved bearing life.

Fig. 67 shows schematically the deflections of the cross trun-
nions and yoke ears due to the applied torque load. In using an
approximate mathematical procedure for determining the deflec-
tion characteristics, basic deflection equations can be used. After
computing the trunnion deflection, computations can be made at
various sections of the ear to determine if the torsional rigidity at
its weakest section is such so as to allow it to deflect with the
trunnion and thereby not induce an additional twisting couple into
the ear. This loading characteristic would occur if the ear were
stiffer than necessary.

Since the joint may operate at substantial rotational speeds in
certain applications, the yoke ears will also deflect radially out-
ward due to centrifugal force effects acting on the ears and bearing
cups as shown schematically in Fig. 68. This radial deflection
characteristic results in increased end clearance between the cross
trunnion and bearing cup thrust surfaces and can cause the
driveshaft attached to the joint to rotate off its rotational center.
The skewed thrust' surfaces of the trunnion and bearing cup,
combined with the centrifugal force, can produce galling-type
failures on these surfaces. This type of failure generally does not
occur in joints used in the smaller lightweight driveshafts. In large
heavy-duty driveshafts, however, this condition can readily occur
in improperly designed joints. In some heavy-duty joints, a trun-
nion thrust washer between the trunnion and bearing cup thrust
surfaces may be necessary to withstand the centrifugal force and
eliminate galling.

In the extremely wide variety of Cardan joint applications, the
yokes assume numerous constructions, The detail design of each
yoke is therefore dependent upon these applications, but in many
instances, existing yokes are used if possible for economic and
standardization considerations.

Yokes must be designed to permit the joint to operate at the
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Fig. 67 — Yoke deflection due to torque
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Fig. 68 — Yoke deflection due to centrifugal force

BEARING CROSS
T

BEARING B SEALING HOLE
SURFACE
i RETAINING
| RING FACE
SPLINE —]
HUB —1 ] PLUG (VENT PLUG,
_/’ ' ALTERNATE)
GASKET

(OPTIONAL)  BODY lEAR

Fig. 69 — Slip yoke (internal splined type)

maximum required joint angle. In addition, some joints such as in
certain agricultural implement driveshafts and as steering shafts in
vehicle tilt cabs, must have 2 hinge capability as high as approxi-
mately 90 deg, even though rotational operation is not encoun-
tered at this high an angle.

Fig. 65 shows typical bearing and retainer type constructions
which can be incorporated in the yoke ear designs. Commonly
used yoke constructions are the slip yoke, tube or weld yoke, end
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Fig. 70 — Slip yoke (external splined type)

Fig 71 — Tube or weld yoke

yoke, und flange yoke.

The slip yoke is a yoke which accommodates uxial movemeni
11 his @ hub attached to the yoke body and is shown in Fig. 69 with
appropriate descriptive nomenclature. The hub usually has an
outer ground bearing and sealing surface and intemnal splinc with
the body end of the hub closed by a plug. The chapter on Splines
and Axial Motion Devices discusses types of splines suitable fora
slip yoke. The hub length and diameters required depend on the
application and the wransmitted torque. This length consists of the
desired average engaged spline length plus the total spline travel
required by the vehicle driveline. In pussenger car and light-duty
truck upplications, the ratio of the average engaged spline length
to the spline pitch diameter has been in the typical range of 2.2510
2.75. The total spline travel includes not only the spline move-
ment due (o suspension motion and pinion windup or winddown,
but also the build or assembly tolerance. An additional huh length
may also be required o accommodate a vounterbore which is used
as an internal sealing surface in some applications. and a vented
plug will, therefore, be necessary in place of a solid plug.

In some applications, especially in multishaft arrungements, o
slip yoke is used having a solid hub or shaft with external spline as
shown in Fip. 70, In passenger car and light-duty truck applica-
tions, the ratio of the average engaged spline length 1o the spline
pitch diameter of this voke has been in the typical range of 210 3.
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Fig. 72 — End yoke (U-bolt type)
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Fig. 73 — End yoke (strap type)

In slower speed applications, this ratio has been smaller.

The tube or weld yoke 15 o yoke with a piloting hub for
attachmient to i tube and is shown in Fig. 71, The ptlot diameter of
this huh suppons the tube, and in order to obtain adequalte futigue
life of the typical circumberential are welded tube and yoke
connection, the length and press fit o the pilot must be optimized
This optimum length is usually developed by experience and
fatigue testing. 11 the wbe is attached to the yoke by means other
than welding. different or addinonal design considerations will
have to be incorporated.

The end yoke is a yoke which attaches a driveshaft 1o another
drivetrain component. It assumes numerous constructions with
the specific design being dependent 10 a large degree on the
application requirement. In passenger car and truck applications,
the relanvely shon hub penerally has an outer ground sealing
surface and internal spline. The spline is of the interference fit or
zero backlash type and the chupter on Splines and Axial Motion
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Fig. 74 — End yoke (wing bearing type)

Devices discusses types of spline suitable for this yoke. The ratio
ol the engaged spline length to the spline pitch diameter has been
in the typical range of 0.80 to 1.10.

The U-bolt and strap type end yoke constructions with a splined
hole in the hub and using round bearings, shown in Figs. 72 und
73 respectively, are commonly used in passenger car and light-
duty truck applications. The wing bearing tvpe construction with
a splined hole, shown in Fig. 74, is commonly used in heavy-duty
trucks and off-highway vehicles. In all of these upplications. the
voke is usually retained with a nut or bolt and washer ut the
splined connection when attached to another driveline or drive-
train component, The thread size of these fusteners. as well as for
the U-bolt, bolt, or cap screw fasteners. retuining the round or
wing bearings to the yokes must be of sufficient size and strength
to withstand the forces which may result from the functional and
durability requirements of u given application. The guick-
disconnect type construction with a splined hole, as shown in Fig.
75. is penerully used in power take-off drive svstems, The clamp
bolt type construction with a partially serrated hole, shown in Fig.
76. is most commonly used in very slow speed applications such
as steering shaft systems.

Other end yoke constructions with a splined hole or with 2
straight round hole and keyway are retained with a set screw ora
nut. An end yoke can also have a tupered round hole and keyway
and be retained with a nut. Still, other end yoke constructions
have square, rectangular or hexagonal holes which are usually set
screw retained.

A fange yoke is a yoke which attaches a driveshaft 1o a
companion flange. The flunge yoke is shown in Fig. 77 in two
alternate constructions. These two types are the commonly used

Fig. 75 — End yoke (quick-discannect type)

Fig. 76 — End yoke (clamp bolt type)

circular and rectangular configurations. For clarification pur-
poses. the mating companion flunge for each type is also shown.
The yoke is held to the flange with bolts, and a pilot diameter is
privided to maintain concentricity. The bolt size required is dic-
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Fig. 77 — Flange yoke

tated by the clamping force necessary to withstand the forces
which may result from the functional and durability requirements
of a given application. The flange yoke is used in a wide variety of
driveshafl applications.

Material Selection

The selection of optimum materials for the Cardan joint is
based on ultimate strength, fatigue strength, and other functional
and durability requirements for a given application, as well as
economical processing advantages.

Because of the large variety of applications, the yokes may be
made from a number of different materials and by various
processing methods. The most commonly used yoke materials are
steel forgings made of resulphurized or plain medium carbon
steels which are heat treated to a typical range of BHN 228-255,
Those yokes welded during assembly operations are generally
machined from these forgings. Also, these medium carbon steels
allow certain surfaces to be surfaced hardened by induction har-
dening when necessary, if the yoke has, for example, an integral
spline on an external splined slip yoke. Yokes which are not
subsequently welded to a connecting member, as a tube or shaft,
or if they are made integral with a spline, as in an internal splined
slip yoke, are frequently made from either pearlitic, malleable or
nodular iron castings. These castings when heat treated 1o a typi-
cal range of BHN 241-269 for pearlitic, malleable iron and BHN
241-285 for nodular iron, allow the machining of yokes having
the equivalent strength of forged steel components. In some
cases, certain yokes are also formed from plain low carbon steel
stampings or made by other means.

Since the cross serves the important function as the inter-
mediate drive member of the Cardan joint, it is generally made
from a low carbon alloy steel forging which is carburized to an
adequate case depth and surface hardened to a typical R.60
minimum to provide the required wear characteristics and tor-
sional strength. The trunnions are then finish ground. In some
applications, the cross is also shot peened prior to finish grinding.
The necessary case depth of the cross trunnion is determined by
the size of the Cardan joint and its application requirement. This
requirement was discussed in the previous section on Design and
is further explained in Appendix A.

The bearing cup is usually made of plain low carbon or low
carbon alloy steel, which is carburized to an adequate case depth

RECTANGULAR TYPE
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and surface hardened to a typical R.60 minimum, to provide the
required wear characteristics and strength. The necessary case
depth is determined in a2 manner similar to that described for the
cross trunnion. The cup is then finish ground. It can also be made
of resulphurized medium carbon steel which is induction har-
dened in the bearing bore to an adequate case depth and a typical
R.60 minimum surface hardness before finish grinding.

The needle rollers used are made of chromium steel which are
hardened to a typical range of R.60-64 and finish lapped. In some
joint bearing designs, components having low coefficients of
friction are included, as desired, to improve bearing performance.
Typical examples are the plastic needle thrust washer and seal
washer used at the needle roller ends. Also, in certain cases, a
trunnion thrust washer is incorporated between the bearing cup
and cross trunnion thrust surfaces. This component is generally
made of plastic or plastic with metal backing material.

The dust seal or seal retainer used in the bearing seal design is
usually made from a plain low carbon steel stamping. The two
common seal designs are generally either the packing or the
elastomer types. The packing type of seal is usually made of cork
neoprene coated with graphite or molydisulfide and must meet
certain compressibility and recovery specifications. The elas-
tomeric type of seal is generally a synthetic rubber. Both seal
designs must exhibit specific resistance to the action of
petroleum-based fluids and permit the seal to function satis-
factorily for any environmental operating condition of the joint
application,

The retaining ning is usually made of carbon spring steel. Also,
in some applications an injected ring of plastic, such as glass-
filled nylon, serves as the retaining ring.

Bearing retainer types other than the retaining ring are also
commonly used. The U-bolt is one of these types and is generally
made of medium carbon alloy steel, which is heat treated to a
typical hardness range of BHN 302-352. The strap is another
retainer and is usually made of plain low carbon steel, which may
have a typical hardness of R,70 minimum after forming.

Bolts and cap screws are used not only to retain various bearing
constructions, but also to fasten an end or flange yoke to another
driveline or drivetrain member. Therefore, these bolts and cap
screws are generally made of medium carbon alloy steel and heat
treated to conform to the SAE grade 8 bolt specifications.

Lubrication

In a Cardan joint the cross can be designed to hold an adequate
supply of lubricant. This stored lubricant is supplied to the bear-
ings by the centrifugal action of the rotating joint. The joint
bearing and cross assemblies may be lubricated for life or pro-
vided with a lubrication plug or fitting for periodic replenishment
of the lubricant. This lubrication procedure depends on the joint’s
specific design characteristics as well as the operating conditions
encountered in an application. The lubricant type and grade are
dependent primarily upon the application, the transmitted torque
and speed, and the operating environment.

For most passenger car, truck, and other highway and off-
highway vehicle driveline applications, a lubricating grease hav-
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ing an NLGI grade number 1 or 2, is generally preferred due toits
ability to withstand relatively heavy loads. A typical lubricant of
this type usually consists of a refined mineral oil and lithium 12
hydroxy stearate soap. Extreme pressure and other additives are
incorporated, as required, to impart to, or enhance specific prop-
erties or performance characteristics of the lubricant. An added
advantage of using an NLGI grade number | or 2 lubricating
greasc is that its consistency is firm enough to assist in maintain-
ing the full complement of needle rollers in position against the
inside diameter of the bearing cup until the joint is assembled.

In some lightly loaded applications, a more fluid lubricating
grease having an NLGI grade number 0 may be desired. Also, in
some axle driveshaft applications, the joint operates submerged in
lubricant inside the closed steering knuckle of a vehicle’s front
live axle steerable wheel. This typical lubricant is a lubricating
mineral oil of SAE viscosity number 20 or 140, In addition, in
some very slow speed applications below 500 rpm, a lubricating
mineral oil in the range of SAE viscosity number 140 or 250 has
been used.

Typical basic performance requirements of a lubricating grease
or oil which must be met, and its various properties, are described
in the SAE Handbook under Automotive Lubricating Greases. In
addition to providing for optimum joint life by reducing friction
and wear at all bearing surfaces, the lubricant used must perform
satisfactorily in all environmental conditions of the joint applica-
tion.

Rating Procedure and Joint Size Selection

The following rating procedure for the Cardan joint applies to a
complete universal joint assembly which consists of the cross,
four bearings with full complements of needle rollers and bearing
seals, as well as the attaching yokes. Also included are miscel-
laneous components such as bolts, cap screws, lockplates,
U-bolts, retaining rings, and so forth, as required. It will be
assumed that these miscellaneous attaching means as well as the
driving yoke members have been designed with the comparable
strength and life of the cross and bearing assembly.

The Cardan joint can be rated according to its static and operat-
ing capabilities in terms of such design parameters as torque,
speed, and joint angle as described in Appendix I. Also, the joint
can be rated in a manner which establishes a common size charac-
teristic for comparison with other size Cardan joints. Fig. 78
shows a cross sectional view of the cross trunnion and bearing
configuration of a joint. The bearing is acted upon by the torque
couple force F which is assumed to be concentrated at the centroid
of the projected bearing area on the cross trunnion, formed by the
cross trunnion diameter D and the effective length L of the needle
rollers. This couple force is at a distance R from the center of the
cross and is called the torque radius.

The size characteristic of the joint can be expressed by a term
called the bearing factor, BF, which is determined as follows:

BF = DLR

0

Fig. 78 — Needle roller bearing and cross
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Fig. 78 — Basic joint torque rating at 3 deg angle, 1,000 rpm,
and 3,000 h B1o life

where:
D = Trunnion diameter, in
L = Effective needle roller length on cross trunnion, in
R = Torque radius, in

Therefore, the bearing factor is simply the product of the pro-
jected bearing area on the cross trunnion times the torque radius,
and serves as an index by providing a simple means for comparing
various size joints with regard to relative bearing capacity.

The life of a Cardan joint is a function of the applied torque,
speed, and joint angle. These three operating requirements can be
shown on convenient curves. Fig. 79 shows a basic torque rating
curve fora joint operating at 3 deg joint angle, 1000 rpm and 3000
h of By, life. Fig. 80 shows correction factors for speed and joint
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The life factor is:

K[, = T
T,
=30
709
Ky =0.846

Then in Fig. 81, at a life factor of 0.846, the B,, bearing life is
4500 h.

A vehicle application requires a Cardan joint which can operate
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Fig. 80 — Shaft speed and joint angle correction factors
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Fig. 81 — Life correction factors

angle while Fig. 81 is a life factor curve. The following typical
problems illustrate the use of these curves:
Problem 1:

A Cardan joint with a bearing factor of 1.80 is assumed to
operate in an application at 600 Ib-ft torque, 6 deg joint angle, and
3000 rpm. Determine the estimated B,, life.

In Fig. 79, at a bearing factor of 1.80, the torque rating of the
joint is 1300 Ib-ft for a 3 deg joint angle, 1000 rpm, and 3000 h of
Blu life.

A correction must now be made for the speed and joint angle of
the required application. In Fig. 80, at 3000 rpm, the speed factor
Kg is 0.70, and at 6 deg joint angle, the angle factor K, is 0.78.
Therefore, at the speed and joint angle required, the torque rating
of the joint is:

T, = TIKSKA
= 1300 x 0.70 x 0.78

T, = 709 Ib-fi

at a continuous torque load of 400 Ib-ft with a speed of 2000 rpm
at 5 deg joint angle. The expected life is 300 000 miles at 3000
revolutions per mile. Determine the minimum size joint that
should be used.

The expected life in hours can be computed as follows:

300 000 x 3000

2000 x 60
Expected life = 7500 h

Expected life =

The basic torque rating at 3 deg joint angle, 1000 rpm and 3000
h of By life is:

__T
KiKaKg

T

where:
Ty, = 400 1b-ft
K, = 0.73 at 7500 h from Fig. 81
Ka = 0.82 at 5 deg from Fig. 80
Ks = 0.80 at 2000 rpm from Fig. 80

400
0.73 x 0.82 x 0.80

T

T, = 835 Ib-ft

Then in Fig. 79 at 835 Ib-ft, the bearing factor of the required
minimum joint size is 1.22.
Problem 3:

In a truck application, the continuous torque is 300 1b-ft at 1800

rpm. The tire size used results in 506 wheel revolutions per mile
and the axle ratio is 6:1. A Cardan joint with a bearing factor of
0.70 is used at a 3 deg operating angle. Determine the expected
life in vehicle miles.

From Fig. 79, a joint with a bearing factor of 0.70 has a basic
torque rating of 500 1b-ft at 3 deg joint angle, 1000 rpm and 3000 h
of By, life. This rating must be corrected to 3 deg and 1800 rpm.
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From Fig. 80, the speed factor is 0.80. Hence, at 3000 h, the
corrected torque is:

T, = T\Ks
= 500 x 0.80
T, = 400 Ib-ft

The continuous torque, however, is 300 1b-ft and the life must be
cormrected as follows:

K, = T_3
T,

- 2.
400

K, =0.75

From Fig. 81, the average B, life is 7000 h. In order to express
the life in miles, the vehicle speed must be computed as follows:

Trickapeed o 000 X 60
6 % 506

Truck speed = 35 mph
Therefore, the expected life is:

Expected life = 35 x 7000
Expected life = 245 000 miles

Applications

The Cardan joint has been used in by far the widest range of
applications of any universal joint in existence. Through the
years, this joint has found nearly universal usage in passenger car,
truck, and various other highway and off-highway vehicle
driveline, axle driveshaft, power take-off, and steering shaft
systems. In addition, the Cardan joint has been widely used in
aircraft, railway, marine, agricultural, military, industrial, and
stationary drive applications.

For passenger car and light-duty truck driveline applications, it
has been found that the Cardan joint will operate satisfactorily
with a minimum of disturbances at continuous operating joint
angles up to about 4% deg. In these applications, the minimum
continuous operating angle should not be less than approximately
%2 to % of one degree. In other vehicles, varying joint angle
limitations are usually required because of the numerous possible
driveline configurations.

In axle driveshaft applications of four-wheel drive, light-duty
trucks in particular, the Cardan joint has been used at the wheel
position of live, rigid front axles where the maximum intermittent
operating joint angles have reached approximately 40 deg during
extreme steering movements. However, in this location, the nor-
mal operating angle is very low, and is in the range of %-1% deg.

The use of a single Cardan joint on a driveshaft is not advisable
where the operating speed is very high, or where considerable
power is to be transmitted because of its nonuniform motion
characteristics. This undesirable condition can be corrected by
using two joints in series in proper phase relationship and operat-
ing at or nearly equal joint angles. In addition to one-piece
driveshafts, Cardan joints are also used in multipiece driveline
arrangements with proper phasing and selection of joint angles.

The recommended maximum operating joint angle is governed
by the rotational speed of the Cardan joint, and since the many
joint applications cover a wide range of speeds, Table 2 is an
application guide for operating joint angles where the angle and
speed are continuous conditions and the maximum angular accel-
eration limit is 1000 rad/s/s. Also, the driveshafts have two joints
with equal joint angles. In certain applications, the shaft length
used, usually a very short or a very long center-to-center distance,
may require a reduction of the recommended maximum operating
angles, and whenever the joint angles are not equal, phasing of the
joints with respect to one another may be necessary.

In very slow rotational speed applications such as steering
shafts, for example, the joint angles should be such that the tor-
sional eguivalent angle of the system will not exceed approxi-
mately 25 deg for a generally smooth feel at the steering wheel
rim. A higher torsional equivalent angle results generally in a
““lumpy"” feel or variable effort due to the lag and Jead of the
angular displacement of the steering gear input shaft.

Table 2 — Allowable Operating Joint Angles

Driveshaft

Speed, rpm Maximum Operating Angle, Degrees
5000 3°30°
4500 3°50"
4000 4°20'
3500 5°00'
3000 5°45°
2500 6°55"
2000 8°40'
1500 11°30"
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Section 3.1.2
Ball and Trunnion Universal Joint

J. Koinis — Chrysler Corp.
E.R. Wagner, P. E. — Saginaw Steering Gear Div., GMC
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Fig. 1 — Ball and trunnion universal joint

Introduction

The patent literature shows that the concept of the ball and
trunnion universal joint was developed as early as 1914 and that
patents on various applicable features were issued through the
early 1930s. This joint has also been commonly called a bipot
joint. It was used as the inboard joint in an early American front
wheel drive passenger car built in the late 1920s, and then used
extensively in some American passenger car driveshafts from
1932 until the middle 1960s. The joint has also been used in
independently sprung European rear drive passengercars as either
the axle driveshaft inboard or outboard joint. Other limited usage
of this joint has been in some American military vehicles and
various industrial applications.

The ball and trunnion universal joint, shown in Fig. | in a
typical design for a driveshaft application, is a nonconstant veloc-
ity universal joint radially self-supported, and permitting axial
movement, which consists of a housing drivably connected to a
ball head shaft through a pair of diametrically opposed trunnion
mounted balls. The principal advantage of this joint is the rela-
tively low axial thrust force required for end motion when com-
pared with a conventional sliding spline. This joint characteristic
minimizes thrust forces on supporting driveline structures due to
shaft length changes and eliminates the undesirable spline noise or
grunt problems of some sliding spline installations when sub-
jected to relatively high torque. The joint also has a self-aligning

feature when stroked axially and angulated within its design limi-
tations. When compared with a Cardan joint, the ball and trunnion
joint has a relatively large lubricant capacity, and if adequate
sealing means are provided, no relubnication during normal life is
required.

There are several limiting characteristics inherent with this type
of joint. It has a larger swing diameter and less joint angular
capability than a Cardan joint of comparable torque capacity.
Also, the maximum joint angle required can limit the axial travel
available within the joint. Therefore, the ball and trunnion joint is
generally used in low angle applications so that sufficient end
motion is available.

Kinematics

An analysis of the ball and trunnion joint indicates that it
exhibits the same, nonconstant velocity, kinematic characteristics
as a Cardan joint. It is important to correctly specify whether the
joint housing or the trunnion pin is the driving or input member in
a particular driveline system. This will affect the phase relation-
ship required when the joint is used in series with either another
ball and trunnion joint, or a Cardan joint.
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D = Driving Member (Housing)
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Input Torque T isAssumed Clockwise
When Viewed from Left End.
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Case 1
Rotational Position (b)

D = Driving Member (Housing)
d = Driven Member (Pin)
© = Joint Angle

Input Torque T isAssumed Clockwise
When Viewed from Left End.

Fig. 2 — Ball and trunnion joint kinematic relationships

Simplified motion, torque, and secondary couple relationships
are shown in Figs. 2, 3, 4, and 5. The housing is the driving
member in Figs. 2 and 3, while in Figs. 4 and 5 the pin is the
driving member. Fig. 6 shows the velocity variation characteris-
tics in the driven shaft of a ball and trunnion joint and Cardan joint
fora 15 deg joint angle. Figs. 7 and 8 show the driving and driven
member secondary couple characteristics, respectively, of both
joints. In Figs. 6, 7, and 8, the joints are shown in various rota-
tional positions with the ball and trunnion joint being shown with
both the housing and the pin as the driving members. In addition,
the same joint intenal geometry which provides for angular mo-
tion also allows simultaneous axial movement.

Phasing

Since the kinematic characteristics of the ball and trunnion joint
and Cardan joint are identical, the same phasing procedures out-
lined for Cardan joint driveline systems can be used. As indicated
in the previous section on Kinematics, attention, however, must
be given to the orientation of the housing or pin of one ball and
trunnion joint relative to another ball and trunnion joint, or a
Cardan joint when they are used in series.

Fig. 3 — Ball and trunnion joint kinematic relationships

For example, in Fig. 9, the ball and trunnion joint is used with a
Cardan joint on a one-piece driveshaft in an intersecting shaft
arrangement. The shaft is shown schematically in two rotational
positions 90 deg apart, and the joint angles are true angles. The
housing of the ball and trunnion joint is the driving member, and
the pin is phased parallel or in line with the driving yoke of the
Cardan joint.

For this phasing arrangement, the torsional equivalent angle or
residual joint angle of the system is:

6 — 67

61’2‘:. =

This residual joint angle charactenstic is the same as for a one-
piece driveshaft having Cardan joints with parallel intermediate
shaft yokes. If the shaft lengths, joint angles, and the supporting
bearing locations of these two driveshafts with intersecting shafts
are identical, the secondary couple forces on the bearing struc-
tures are also the same. By referring to the kinematic characteris-
tics shown in Figs. 2 thru 8, various driveline configurations using
ball and trunnion joints can be analyzed with regard to optimum
joint phasing.
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Case 2
Rotational Position (a)

-

D = Driving Member (Pin)

d = Driven Member (Housing)
© = Joint Angle

Input Torque T is Assumed Clockwise
When Viewed from Left End.
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Case 2
Rotational Position (b)

D = Driving Member (Pin)
d = Driven Member (Housing)
© = Joint Angle

Input Torque T is Assumed Clockwise
When Viewed from Left End.

Joint Member
Joint Member D d
D d Angular Velocity w=const. jwy=w/cos €
Angular Velocity w=const, | wy=wcos & Torgue T=const.| Ty=Tcos &
Torque T =const. | Ty =Tkos & Secondary Couple C=0 Ci=Tsin®
Secondary Couple C=Ttan®| Ci=0

Fig. 4 — Ball and trunnion joint kinematic relationships

Design

The various components of a typical ball and trunnion joint
shown in an exploded view in Fig. 10, must be designed to
provide the necessary joint angularity, axial travel, strength, and
life requirements for a given application. The ultimate strength of
the joint must be safely in excess of the maximum applied torque
which can be developed by various loading modes discussed in
the chapter on Basic Driveline Requirements. Initially, the size of
the ball head shaft is determined as outlined in the chapter on Axle
Driveshafts. Then the ball head shaft assembly consisting of the
ball head shaft, pin, needle rollers, balls, spacer washers, spring
washers, and centering buttons, as well as the housing configura-
tion, can be designed to meet the various joint application
parameters.

Proper considerations for designing the joint bearing elements
are necessary for adequate joint life. The ball-to-housing bore
wear can be minimized by the selection of optimum comparable
component materials, dimensions, Hertz contact stresses, surface
hardnesses, and surface finishes or coatings, as well as an op-
timum hardness gradient of the housing bore case depth. In
addition, an optimum lubricant must be utilized which is compat-
ible with the overall ball-to-housing bore design selected, and also
must meet the requirements of the joint application. The op-

Fig. 5 — Ball and trunnion joint kinematic relationships
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timized design should provide for an adequate precession of the
balls in the housing bores and of the needle rollers relative to the
pin and ball bore. This precession characteristic is also de-
scribed in the section on the Cardan or Hooke Universal Joint.
The needle roller length-to-diameter ratio employed is usually
at the high end of the range or somewhat higher than the range
used in a typical Cardan joint. The needle roller bearing load
distribution and Hertz contact stress computation is discussed in
the section on the Cardan or Hooke Universal Joint. For the entire
bearing configuration, the permissible Hertz contact stress, in-
cluding the associated computaton procedure, is also shown in
Appendix A. With regard to needle roller bearing design, the
selection of optimum size and tolerances, as well as diametral and
circumferential clearances is generally the same as for a Cardan
joint in similar applications. Appendix C illustrates a typical bear-
ing computation procedure for determining these clearances.

The ball head shaft assembly configuration with an adequate
ball cirele diameter must be optimized by trial computations. The
ball head shaft is a member which provides for the transversely
located pin and has drivable means of attachment. Strength com-
putations can be made by assuming the ball head cross section at
the pin to be circular with a transverse hole. For a tentative as-
sumed bearing design with sufficient capacity, the bending
strength of the finish ground pin is of primary importance. The pin
is a member pressed through the ball head shaft which provides
trunnions for the needle rollers, balls, centering buttons, and
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Fig. 10 — Ball and trunnion universal joint

associated components. The pin bending strength is computed in
the same manner as the Cardan joint cross trunnion. Generally,
the press fit in the spherical-shaped hub of the ball head is a typical
0.0002-0.0015 in total interference, which has an important effect
on joint fatigue life. The interference fit used must be sufficient to
prevent relative movement, commonly called ‘‘chafing’’ or *“fret-
ting”’, between the pin and hole in the hub when torque is trans-
mitted. This interference fit results in a compressive stress in the
pin and also imposes a stress concentration due to discontinuity at
each end where the pin protrudes from the hub. This stress con-
centration can be minimized somewhat by chamfering both ends
of the hole passing through the hub. Therefore, the application of
a torque load on the joint results in a complex stress state, which is
at a maximum in the pin just inside the hub edge. For passenger
car and other similar applications, a typical allowable bending
stress of 150 000 psi can be used at the maximum applied torque
to determine the size of the pin which is carburized, hardened, and
finish ground. The use of this stress value allows for the indicated
stress concentration effects. With respect to the ball head shaft
axis, the pin is usually centered within 0.004 in total indicator
reading for automotive applications. At each end of the pin, a
bearing assembly is mounted which consists typically of a ball,
needle rollers as the rolling elements, spacer washer, spring
washer, and centering button. These bearing assemblies mate
with the housing, which is a member with two diametrically
opposed, partly cylindrical axial ball bores on the cylindrical
inner clearance surface, and with drivable means of attachment.
Fig. 11(a) illustrates a typical housing construction used in a
driveshaft application, while Fig. 11(b) shows a typical housing
configuration for axle driveshaft usage.

The ball is a partly spherical shaped member which pivots and
transmits torque from the housing to the ball head shaft through
needle rollers and the pin, and permits axial movement. Instead of
being true spherical, the outer profile surface of the ball may also
be made toroidal in shape, as shown in Fig. 12, in order to control
the contact area length and thus prevent edge contact in the
housing ball bores during high torque load applications. For this
toroidal-shaped ball, the generating radins is smaller than the
equatorial radius and results in an elliptical spot contact in the
cylindrical bore instead of the long and narrow elliptical contact
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Fig. 12 — Toroidal ball

condition of the spherical ball, which actually runs off or extends
beyond the ball edges during high torque loads.

The generating radius-to-equatorial diameter ratio of a typical
toroidal ball may be approximately 0.46-0.48 and not result in
contact run-off. For a given torque load, the smaller elliptical
contact area produced by the toroidal ball increases the Hertz
contact stress and the required case depth over that resulting from
a spherical ball. However, the smaller contact area resulting from
less conformity or wrap around of the bore on the toroidal ball
reduces sliding and scuffing produced by the longer contact area
of the spherical ball, as well as the edge contact and, hence, may
improve housing ball bore wear life when other optimum design
procedures are incorporated, even though the contact stress is
higher. In a typical driveshaft design, the total clearance between
the ball and housing cylindrical ball bore may be in the range of
0.0005-0.0025 in, whereas for an axle driveshaft application this
clearance may be approximately 0.001-0.004 in.

The spacer washer is a member which positions the needle
rollers inside the ball. The spring washer is a member which
maintains contact of the centering buttons with the housing bore
radial thrust surfaces. The centering button is a thrust-loaded
member which locates the ball head shaft assembly during its
various movements and radially retains the needle rollers. With a
centering button and spring washer assembled to each end of the
pin, the resulting total radial clearance in the housing axial bores
is in the typical range of 0.000-0.006 in.

Depending on the maximum joint angle requirement, adequate
clearance must be provided between the centering button flat
surface and ball, while at zero joint angle clearance must exist
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between the ball and spacer washeradjacent to the ball head. Figs.
13 and 14 show these clearances and the required radii of the
centering button thrust surface in both axial or longitudinal, as
well as transverse planes. These illustrations clearly show the
design studies which must be made for a typical joint before the
design can be finalized and are affected by joint angularity and
axial movement requirements. Fig. 13 shows the highest joint
angles possible at the extreme ends of the required end motion. At
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the maximum joint angle position the ball is shown adjacent to the
bottom of the centering button, indicating the necessity of the
clearance illustrated in Fig. 14 to prevent interference. At the
maximum joint angle position also, the required length of the
centering button is shown. Good design practice allows a length
sufficient to provide for 2 deg-3 deg joint angle over travel before
edge contact is reached. Since the button is subjected to sliding
motion as well as thrust forces, it must be surface hardened.
Therefore, the resulting minimum thickness at the edges of the
toric curved surfaces must be adequate to prevent brittle fracture.
Also, the necessary minimum length of the button stem protrud-
ing into the pin end for support can be determined at the maximum
joint angle position.

In performing its principal function of keeping the lubricant in,
and foreign matter out of the joint, the boot seal, which is a
flexible member, must be capable of operating under varying
environmental conditions at various speeds, joint angles, and end
motion positions, and its design depends on the joint usage. For
high-speed antomotive driveshaft applications, a typical convo-
luted conical-shaped seal with an internal baffle is used. This
internal baffle prevents the lubricant from working out of the joint
housing and into the seal area, For slower speed applications,
such as vehicle axle driveshafts, the baffle is generally not re-
quired. Also, for typical high speed driveline applications, the
boot seal configurations illustrated for the cross groove and end
motion type double offset joints for such installations can be used.
Both ends of the seal are vsually held in position with clamps
which are thin metallic or nonmetallic adjustable bands. If the
joint axial movement is relatively high, joint venting means may
be required. When the closed end type of housing is employed,
axial stroke limitation means can be incorporated in the seal
design to prevent accidental disassembly.

In the flanged housing design commonly used in automotive
driveshaft applications, the open flanged end is closed by a
housing end cover and sealed with a gasket. This housing end
cover is a member which protects the joint from contamination
and loss of lubricant during shipping and handling. When a ball
and trunnion joint is used on both ends of a driveshaft, a conical
spring has been used between the housing end cover and ball head
shaft to keep the joints centered at each end. If a Cardan joint is
used with a ball and trunnion joint, then no centering spring is
required. The maximum angular design capability of the joint for
its entire axial stroke range can be determined by plotting a chart
as described in Appendix G.

As previously indicated, the principal advantage of the ball and
trunnion joint is that it requires a relatively low axial thrust force
during end motion when compared with a conventional sliding
spline, Fig. 15 shows the static (nonrotating) axial force charac-
teristics for a typical joint,

Material Selection

The selection of optimum materials for the ball and trunnion
joint components is based on ultimate strength, fatigue strength,
and other functional and durability requirements for a given appli-
cation, as well as economical processing advantages.
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Fig. 15 — Ball and trunnion joint axial force characteristics

The housing is usually made from a low carbon alloy or plain
low carbon steel forging which is carburized to an adequate case
depth and surface hardened to a typical R.60 minimum to provide
the required wear characteristics and torsional strength. The
necessary case depth required in the axial ball bores after finish
grinding is relatively deeper when a toroidal ball is used than
when a spherical ball is utilized, and is determined by the contact
load requirement explained in Appendix A.

The pin is generally made from cold drawn low carbon alloy
steel bar stock which is carburized to an adequate case depth and
surface hardened to a typical R 60 minimum and finish ground.
The necessary case depth is determined by the joint size and its
application requirement and is essentially the same as discussed
for the Cardan Joint cross trunnion, and is also explained in
Appendix A.

The finish ground balls are usually made of low carbon alloy
steel which are carburized 1o an adequate case depth and surface
hardened to a typical R.60 minimum. The balls can also be made
of chromium steel which are hardened to a rypical range of R.62-
65. After basically providing for adequate surface hardness and
case depth in the housing ball bores, the bore wear can sometimes
be reduced by modifying the ball surface finish by, for example,
grit or vapor blasting or lapping. Also, a phosphate type coating
can be applied to the housing, if desired.

The needle rollers are made of chromium steel which are har-
dened to a typical range of R.60-64 and finish lapped. The spacer
washers are generally made of plain low carbon steel, which can
be cyanided to a typical surface hardness of R.60 minimum. The
spring washers are usually made from spring steel stampings.
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The centering buttons are generally made of cold formed, low
carbon alloy steel, which are carburized to an adequate case depth
and surface hardened to a typical R.60 minimum and finish
ground on the toric curved thrust faces and the piloting stem.

The ball head shaft when used in driveshaft applications, is
usually made from a resulphurized medium carbon steel forging,
which is heat treated to a typical hardness range of BHN 255-285.
For heavy duty or axle driveshaft applications, typical materials
and heat treatments are the same as discussed for axle shafting in
the chapter on Axle Driveshafts.

The elastomeric material of the boot seal is generally a synthet-
ic rubber which must exhibit specific resistance to the action of
petroleum based fluids, and permit the seal to function satisfacto-
rily for any environmental operating condition requirements of
the joint application. The clamps are usually made of plain low
carbon steel. The gasket is generally made from gasket paper and
the housing end cover is usually made from a plain low carbon
steel stamping. The spring, when used, is generally made from
carbon spring steel wire.

Lubrication

The ball and trunnion joint has a relatively large capacity for
lubricant and is generally lubricated for life. In high speed
driveshaft applications, approximately one half of the available
volume of the assembled joint cavity is filled. The lubricant
should be evenly distributed in the housing since it will not
transfer from one ball bore to the other during operation. If too
much lubricant is used, it may work past the boot seal baffle and
cause failure of the convoluted seal due to centrifugal force
effects. In slower speed applications such as axle driveshafts,
generally most of the assembled joint cavity is filled with lubri-
cant and the presence of lubricant in the seal area is not detrimen-
tal to seal life.

A lubricating grease having an NLGI grade number | or 2 is
usually used. A typical lubricant of this type generally consists of
a refined mineral oil and lithium 12 hydroxy stearate soap. Ex-
treme pressure and other additives are incorporated, as required,
to impart to or enhance specific properties or performance charac-
teristics of the lubricant.

Typical basic performance requirements of a lubricating
grease, which must be met, and its various properties are de-
scribed in the SAE Handbook under Automotive Lubricating
Greases. In addition to providing for optimum joint life by reduc-
ing friction and wear at all bearing surfaces, the lubricant used
must perform satisfactorily in all environmental conditions of the
joint application.

Rating Procedure

The ball and trunnion joint can be rated on the same basis as the
Cardan joint where the term bearing facror is used in rating and
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comparing joint sizes. In addition, the joint can aiso be rated as
described in Appendix 1.

Applications

The ball and trunnion joint found its most common usage as the
front joint in many past, one-piece passenger car driveshafts
where there was a need for a joint providing low effort end motion
in addition to a relatively low joint angle capability. Also, the
joint has been used in axle driveshafts of front and rear drive
vehicles where axial movement was required along with the
necessary intermittent joint angle capability during suspension
movements. Additional usage of this joint has been in aircraft,
military vehicles, and industrial applications. Depending on the
axial stroke requirement of an application, the maximum angular
design capability of this joint is approximately 15 deg.

The normal design operating angle of the joint will depend on
the specific application, while the maximum intermittent operat-
ing angle, throughout its entire axial stroke range, musl be within
the limit lines of the angular capability chart for a given joint
design as described in Appendix G. For passenger car and light
duty truck applications, normal operating angles of approxi-
mately 3 deg have been used in driveshafts. If this angle is de-
creased to less than 1%2-2 deg, the bearing life is affected. Rota-
tional movement or oscillation of the needle rollers and balls
becomes erratic, which can cause brinelling of the trunnion pin
and housing ball bores.
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Section 3.1.3
Roller and Trunnion Universal Joint

E. R. Wagner, P.E. — Saginaw Steering Gear Div., GMC

Introduction

The roller and trunnion universal joint was patented by Lipe in
1909 and was used in some European front wheel drive passenger
cars as the inboard joint. This joint, which is similar to the ball and
trunnion joint, is another type of bipot joint construction.

The roller and trunnion universal joint, shown in Fig. 1 ina
typical design, is a nonconstant velocity universal joint radially
self-supported, and permitting axial movement, which consists of
a housing drivably connected to a shaft through a pair of diametri-
cally opposed trunnion mounted rollers. Its advantages and dis-
advantages are essentially the same as for the ball and trunnion
joint except for a somewhat higher axial thrust force during end
motion which is, however, still lower than conventional sliding
spline.

Kinematics

The kinematics of the roller and trunnion joint are the same as
for the Cardan and ball and trunnion joints, which both transmit
nonconstant velocity. As in the ball and trunnion joint, the same
internal geometry which provides for angular motion also allows
for simultaneous axial movement. The joint phasing procedure is
the same as described for the ball and trunnion joint.

Design

The various roller and trunnion joint components must be
designed to provide the necessary joint angularity, axial travel,
strength, and life requirements for a given application. The ulti-
mate strength of the joint must be safely in excess of the
maximum applied torque which can be developed by various
loading modes discussed in the chapter on Basic Driveline Re-
quirements. Initially, the shaft size is determined as outlined in
the chapter on Axle Driveshafis. Then the housing, pin, needle
roller, and roller configuration can be designed to meet the
various joint application parameters.

The needle roller bearing load distribution and Hertz contact
stress computation procedure is discussed in the section on the
Cardan or Hooke Universal Joint. For the entire bearing config-
uration, the permissible Hertz contact stress, including the as-
sociated computation procedure, is also shown in Appendix A.
With regard to needle roller bearing design, the selection of op-
timum size and tolerances as well as diametral and circumferen-
tial clearances is generally the same as for a Cardan, or ball and
trunnion joint in similar applications. Appendix C illustrates a
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Fig. 1 — Roller and trunnion universal joint

typical bearing computation procedure for determining these
clearances.

The roller and trunnion joint is very similar in design to the ball
and trunnion joint except that cylindrical rollers are used in place
of balls. The roller is a cylindrical-shaped member which pivots
and transmits torque from the housing to the shaft through needle
rollers and the pin, and permits axial movement. Centering but-
tons, spacer washers, and spring washers are not used. The func-
tion of the centering buttons in providing radial thrust support is
incorporated in the closed sphenical end of the roller itself, or the
pin is spherically shaped at the ends when open end rollers are
employed. The radius of the spherical-shaped end of the roller or
pin is equal to one-half of the span of the housing roller tracks or
slots, Needle rollers are generally used with both roller designs.
The closed end roller design allows a maximum joint angle capa-
bility of approximately 17 deg, while the open end roller permits
approximately 10 deg of maximum angular capability.

For similar applications, the selection of various clearances and
tolerances is generally the same as for the ball and trunnion joint.
Also, the allowable pin strength and its interference fit with the
mating shaft member are essentially the same as employed in the
ball and trunnion joint. Fig. 2 shows two typical housing con-
structions used. The housing is a member with two diametrically
opposed axial roller slots on the cylindrical inner clearance sur-
face and with drivable means of attachment. In the tulip type
housing, these roller slots extend through its periphery,

The boot seal is a flexible member, and in performing its
principal function of keeping the lubricant in and foreign matter
out of the joint, it must be capable of operating under varying
environmental conditions at various speeds, joint angles, and end
motion positions. When the closed type of housing is used, the
seal is generally connected to the housing with a seal adapter and
held in position with a seal retainer. An O-ring seal is usually
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Fig. 2 — Typical roller and trunnion joint housing constructions

employed between the housing and seal adapter. Generally, a
clamp is used to hold the boot seal in position on the shaft. When
the tulip type of housing is used, a housing cover must be
employed. This housing cover is a sleeve-like member which
encloses the housing and provides for attachment of the boot seal
and bearing surfaces for radial support of the joint. Usuaily, the
housing cover has an interference fit with the housing outside
surface and an O-ring provides sealing between these two mem-
bers. The boot seal is generally held in position on the housing
cover and shaft with clamps. To prevent accidental disassembly
of the joint, the seal adapter and seal retainer for the closed type of
housing and the housing cover for the tulip type of housing can be
designed to limit the maximum axial movement. The maximum
angular design capability of the joint for its entire axial stroke
range can be determined by plotting a chart as described in Ap-
pendix G.

As previously indicated, a principal advantage of the roller and
trunnion joint is that it requires a relatively low axial thrust force
during end motion which is somewhat higher than for a ball and
trunnion joint, but still much lower than for a conventional sliding
spline. Fig. 3 shows the static (nonrotating) axial force charac-
teristics for a typical joint.

Material Selection

The selection of optimum materials for the roller and trunnion
joint components is based on ultimate strength, fatigue strength,
durability, and other functional requirements for a given applica-
tion, as well as economical processing advantages.

The housing is generally made of plain, medium carbon steel.
After finish broaching of the roller tracks or slots, the housing is
induction hardened to an adequate case depth and a typical R.60
minimum surface hardness in the roller slots and other selected
areas to provide the required wear characteristics and torsional
strengtin. The case depth in the roller slots must be sufficient to
meet the contact load requirement explained in Appendix A. The
housing can also be made of low carbon alloy steel which is
carburized to an adequate case depth and surface hardened to a
typical R.60 minimum to meet the functional and durability re-
quirements.

The pin 1s usually made from low carbon alloy steel bar stock,
which is carburized to an adequate case depth and surface har-
dened to a typical R.60 before finish grinding. The necessary case
depth is determined by the joint size and application requirement
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Fig. 3 — Roller and trunnion joint axial force characteristics

and is essentially the same as discussed for the Cardan joint cross
trunnion, and is also explained in Appendix A.

The finish ground closed end rollers are generally made of low
carbon alloy steel which are carburized to an adequate case depth
and surface hardened to a typical R.60 minimum. The finish
ground open end rollers are usually made of chromium steel
which are hardened 10 a typical range of R.60-64. The needle
rollers are made of chromium steel which are hardened to a typical
range of R.60-64 and finish lapped.

The choice of typical steels and heat treatments for the shaft are
the same as discussed for axle shafting in the chapter on Axle
Driveshafts. The elastomeric material of the boot seal is generally
a synthetic rubber, which must exhibit specific resistance to the
action of petroleum based fluids and permit the seal to function
satisfactorily for any environmental operating condition of the
joint application, The housing adapter, seal retainer, and clamps
are usually made of plain, low carbon steel. The housing cover is
generally made of plain, low carbon steel which can be surface
hardened to a typical R.60 minimum and an adequate case depth.
The O-ting seal material is usually a synthetic rubber.

Lubrication

The roller and trunnion joint has a relatively large capacity for
lubricant and is generally lubricated for life with an NLGI grade
number | or 2 lubricating grease. A typical lubricant of this type
usually consists of a refined mineral oil and lithium 12 hydroxy
stearate soap. Extreme pressure and other additives are incorpo-
rated, as required, to impart to or enhance specific properties or
performance characteristics of the lubricant.
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Typical basic performance requirements of a lubricating grease
which must be met, and its various properties are described in the
SAE Handbook under Automotive Lubricating Greases. In addi-
tion to providing for optimum joint life by reducing friction and
wear at all bearing surfaces, the lubricant used must perform
satisfactorily in all environmental conditions of the joint applica-
tion.

Rating Procedure

The roller and trunnion joint can be rated on the same basis as
the Cardan and ball and trunnion joint, where the term bearing
factor is used in rating and comparing joint sizes, In addition, the
joint can also be rated as described in Appendix I.

i

Applications

The roller and trunnion joint has found usage as the inboard
joint in axle driveshafts of front drive vehicles where there has
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been a need for a joint providing end motion capability. Depend-
ing on the axial stroke requirement of an application, the joint
employing the open end rollers allows a maximum angular design
capability of approximately 10 deg, while the joint incorporating
the closed end rollers permits approximately 17 deg. The normal
design operating angle of the joint will depend on the specific
application, while the maximum intermittent operating angle, *
throughout its entire axial stroke range, must be within the limit
lines of the angular capability chart for a given joint design as
described in Appendix G.
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Section 3.1.4
Sliding Block and Trunnion Universal Joint

E. R. Wagner, P.E. — Saginaw Steering Gear Div., GMC
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Introduction

The sliding block and trunnion universal joint was used as the
axle driveshaft inboard joint in some small low-powered Euro-
pean rear drive passenger cars with independent swing axle sus-
pensions. This joint is another type of bipot joint construction and
is similar to the ball and trunnion and roller and trunnion joints.
Since the late 1950s, this joint has found widespread usage in
steering shaft systems of American passenger cars and some
trucks where it has commonly been called a por coupling.

The sliding block and trunnion universal joint, shown in Fig. 1,
in a typical design for an axle driveshaft application, is a non-
constant velocity universal joint, radially self-supported and per-
mitting axial movement which consists of a housing drivably
connected to a shaft through a pair of diametrically opposed trun-
nion mounted bearing blocks. Fig. 2 shows this joint as used in a
typical steering shaft application. Its advantages and disadvan-
tages are essentially the same as for the ball and trunnion and the
roller and trunnion joints except that its axial thrust force charac-
teristics during end motion are approximately the same as for a
conventional sliding spline.

Kinematics

The kinematics of the sliding block and trunnion joint are the
same as for the Cardan, ball and trunnion, and roller and trunnion
joints which all transmit nonconstant velocity. As in the ball and
trunnion, and roller and trunnion joints, the same internal
geometry which provides for angular motion also allows for
simultaneous axial movement. The joint phasing procedure is the
same as described for the ball and trunnion joint.
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Fig. 2 — Sliding block and trunnion universal joint (steering
shaft pot coupling application)

Design

The various sliding block and trunnion joint components must
be designed to provide the necessary joint angularity, axial travel,
strength, and life requirements for a given application. The ulti-
mate strength of the joint must be safely in excess of the maximum
applied torque which can be developed by various loading modes
discussed in the chapter on Basic Driveline Requirements. Ini-
tially, the shaft size is determined as outlined in the chapter on
Axle Driveshafts. Then the housing, pin, and bearing block con-
figuration can be designed to meet the various joint application
pa.rameters.

This joint is more simple in construction than either the ball and
trunnion or roller and trunnion joints. The housing design is
basically the same as for the roller and trunnion joint housing. It is
a member with two diametrically opposed axial bearing block
slots on the cylindrical inner clearance surface and with drivable
means of attachment. In axle driveshaft applications, the housing
generally is integral with the differential side gear, while in
steering shaft applications, it is the common enclosed construc-
tion.

The bearing block is a square or rectangular-shaped member,
which pivots and transmits torque from the housing to the shaft
through the pin and permits axial movement. As in the roller and
trunnion joint, the function of providing radial support for this
joint is incorporated in the closed spherical end of the bearing
block, or the pin is spherically shaped at the ends when open end
bearing blocks are employed. The radius of this spherical shape is
equal to one-half of the span of the housing bearing block slots.
When a closed end bearing block is used, a maxium joint angle
capability of approximately 15 deg can be reached. When the
open end bearing block is employed, the maximum angular capa-
bility is reduced to approximately 10 deg. Needle rollers are not

American Axle v. Neapco - IPR2025-00090

PET AAM_1012-0097



90

used since the square or rectangular-shaped bearing blocks only
slide in the housing slots.

The same general design procedure for the pin and shaft, as
used in the ball and trunnion, and roller and trunnion joints can be
followed, In axle driveshaft applications, the same press fit of the
pin in the shaft can be used which is a typical 0.0002 - 0.0015 in
total interference. In steering shaft applications, however, a typi-
cal total interference of 0.0007-0.002 in has been used because of
the lower hardness materials employed. Therefore, lower levels
of allowable stress for the pin and shaft are also used as compared
to an axle driveshaft design.

In axle driveshaft applications, the boot seal, which is a flexible
member, is generally a nonrotating design. Therefore, a bearing
and a lip-type oil seal must be incorporated for the rotating shaft.
The boot seal is usually held in position on the differential housing
side with a seal retainer, small bolts, and lock washers, and must
perform its principal function of keeping the lubricant in and
foreign matter out of the joint under varying environmental condi-
tions at various speeds, joint angles and end motion positions. In
steering shaft applications, a conventional boot seal is used which
is generally held to the housing with a retaining ring, and on the
shaft with a clamp. In some steering shaft applications, a spring
has been incorporated to dampen noise between the bearing
blocks and housing slots due to the necessary clearances
employed. To prevent accidental disassembly of the joint, the seal
retainer in axle driveshaft applications and the boot seal in steer-
ing shaft applications can be designed to limit the maximum axial
motion. The maximum angular design capability of the joint for
its entire axial stroke range can be determined by plotting a chart
as described in Appendix G.

As previously indicated, the axial thrust force during end
movement for a sliding block and trunnion joint is approximately
the same as for a conventional sliding spline. Fig. 3 shows the
static (nonrotating) axial force characteristics for a typical joint.

Material Selection

The selection of optimum materials for the sliding block and
trunnion joint components is based on ultimate strength, fatigue
strength, and other functional and durability requirements for a
given application, as well as economical processing advantages.

For axle driveshaft applications, the housing is usually made
from a low carbon alloy steel forging. After finish broaching of
the bore and bearing block slots, the housing is carburized to an
adequate case depth and surface hardened to a typical R.60
minimum to provide the required wear characteristics and lor-
sional strength. After heat treatment, the housing is generally
phosphate coated.

The pin is usually made from low carbon alloy steel bar stock,
which is carburized to an adequate case depth and surface har-
dened to a typical R.60 minimum before finish grinding. The
necessary case depth is determined by the joint size and applica-
tion requirement and is essentially the same as discussed for the
Cardan joint cross trunnion. The finish ground bearing blocks are
generally made of low carbon alloy steel, which are carburized 1o
an adequate case depth and surface hardened to a typical R.60
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Fig. 3 — Sliding block and trunnion joint axial force characteris-
tics

minimum. The choice of typical steels and heat treatments for the
shaft are the same as discussed for axle shafting in the chapter on
Axle Driveshafts. The boot seal retainer is usually made from a
plain low carbon steel stamping. The bearing can be made of
various typical plain bearing materials, and the oil seal is gener-
ally of the elastomeric lip type.

For steering shafi applications, the housing is usually formed
from plain low carbon steel tubing or is extruded from plain low
carbon steel bar stock. The pin is generally made from medium
carbon alloy steel or chromium steel bar stock which is hardened
and tempered to a typical range of R.40-45 before finish grinding.
The bearing blocks are usually made of sintered ferrous powdered
metal with specific density and hardness characteristics, The
steering shaft is generally made from cold drawn, plain low car-
bon steel coil stock having a typical hardness of R,85 minimum.
For retaining the boot seal, the retaining ring is usually made from
carbon spring sieel wire, while the clamp is generally made of
plain low carbon steel. The spring is usually made from carbon
spring steel sheet or strip stock.

For both axle driveshaft and steering shaft applications, the
elastomeric material of the boot seal is generally a synthetic
rubber, which must exhibit specific resistance to the action of
petroleum based fluids and permit the seal to function satis-
factorily for any environmental operating condition of the joint
application.
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Lubrication

The sliding block and trunnion joint has a relatively large
capacity for lubricant and is generally lubricated for life. In axle
driveshaft applications where the joint operates within the differ-
ential, it is lubricated with the same lubricating mineral oil used in
the differential, which is generally of SAE viscosity number 90,
and incorporates various additives, as required, to impart to or
enhance specific properties or performance characteristics of the
lubricant.

In steering shaft applications, the lubricating grease used is
usually an NLGI grade number 2. A typical lubricant of this type
generally consists of a refined mineral oil, lithium 12 hydroxy
stearate soap and tacking agents.

Typical basic performance requirements of a lubricating oil or
grease which must be met and its various properties are described
in the SAE Handbook under Automotive Lubricating Greases. In
addition to providing for optimum joint life by reducing friction
and wear at al] bearing surfaces, the lubricant used must perform
satisfactorily in all environmental conditions of the joint applica-
tion.

Rating Procedure

The sliding block and trunnion joint can be rated as described in
Appendix I. Since needle rollers are not used with this joint, the
term bearing factor as used with the Cardan, ball and trunnion,
and roller and trunnion joints does not apply.

21

Applications

The sliding block and trunnion joint has found usage as the
inboard joint in axle driveshafts of relatively small, low powered
rear drive vehicles with swing axle-type suspensions where there
was a need for a joint providing end motion capability at a rela-
tively low joint angle. Depending on the axial stroke requirement,
the open end bearing block design of the joint construction gener-
ally used in these axle applications allows a maximum angular
design capability of approximately 10 deg.

The most extensively used application of this joint, however,
has been as the pot coupling in vehicle steering shaft systems,
where the relatively fixed operating joint angles have been in the
range of 3-12 deg. Depending on the axial stroke requirement, the
closed end bearing blocks generally employed in these applica-
tions can allow a maximum angular design capability of approxi-
mately 15 deg. The axial motion capability of the joint allows for
relative movement between the body and frame of the vehicle and
also for installation allowances. Whether the joint is used in axle
driveshaft or in steering shaft applications, the maximum inter-
mittent operating angle of the former application or the relatively
continuous operating angle of the latter application throughout the
entire axial stroke range, must be within the limit lines of the
angular capability chart for a given joint design as described in
Appendix G.
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Section 3.1.5
Rubber Couplings

E. R. Wagner, P.E. — Saginaw Steering Gear Div., GMC

A rubber coupling is a mechanical device with an intermediate METAL INSERTS
resilient elastomeric drive element or elements, which absorbs
impact and shock forces, dampens drivetrain disturbances, and INTERLEAE

functions with universal joint characteristics by providing for
angular misalignment. Rubber couplings of varying design have
been used in both driveline and axle driveshaft applications in
certain European passenger cars and in some industrial drives.
When operated at an angle, these devices generally transmit
motion with nonconstant velocity characteristics which introduce
nonuniform forces and moments into the drive system. Natural
rubber is usually used because of its desirable mechanical proper-
ties and damping characteristics.

With regard to advantages, these devices reduce shock loads,

torsional vibration, and noise transmission. Loads on gear boxes, REGULAR [ NTE\?;—? AF
bearings, and other drive components are reduced. Depending on TYPE 1
their particular design, they may allow some axial compliance, Fig. 1— Regular polygon shaped annular type rubber coupling

varying degrees of joint angle capability, and torsional resilience.
They are maintenance free, require no lubrication except for the
centering device when used, and are relatively unaffected by dint RUBBER COUPLING
and moisture. A major disadvantage of rubber couplings is that
they become excessively large in swing diameter with increasing
torque requirements. For adequate life they are generally limited NUT
to low torque applications and must operate at very low or 0 deg \@ '/!
joint angles under continuous operating conditions. Certain cou- |1
plings, however, can operate continuously at angles up to approx- F
imately 3 deg and intermittently at angles up to nearly 15 deg.  FORKXED @
: SHAFT

A commonly used rubber coupling has been the regular poly-
gon shaped annular type shown in Fig. 1, in two constructions.
The coupling consists of a regular polygon of rubber with metal
inserts and usually has four, six or eight sides. After molding, the
rubber elements are compressed to the assembled position by
fitting a steel retaining band around the outside. This band is
discarded after assembly of the coupling to the mating forked
shafts in an alternating attaching arrangement of the driving and
driven members. Maximum fatigue life and torque capacity is
thus assured by the rubber being loaded in compression. The use
of metal interleaves provides for increased torque capacity when
required. For speeds in excess of vehicle axle driveshaft speeds, a
centering device is required as shown in Fig. 2, in a typical
driveline application.

Fig. 3 illustrates another basic type of rubber coupling in two
constructions. Both the link and integral annular variations are
assembled to mating forked shafis in an alternating attaching

LOCK WASHER

CENTERING DEVICE

Fig. 2— Regular polygon shaped annular type rubber coupling
with centering device

INTEGRAL ANNULAR

arrangement of drving and driven members. Because of the LINK TYPE TYPE
molded internal braids, the rubber can be loaded in tension to
transmit the torque. A centering device, as shown in Fig. 4, is Fig. 3 — Rubber coupling with molded intemal braids

employed when the coupling is used in driveline applications.
Fig. 5 illustrates a Cardan joint type of rubber coupling used in
some axle driveshaft applications where the rubber is molded to
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Fig. 4 — Round annular type rubber coupling with centering
device

Fig. 5 — Cardan joint type rubber coupling in free state

the cross trunnions between split, conical-shaped steel stamped
members, The coupling is attached to mating yoke members with
U-bolts as shown in Fig. 6, which preloads the rubber in compres-
sion.

Fig. 7 shows a rubber coupling consisting of two, thin steel
stamped and formed round plates which serve as a housing for
four, molded-in-place rubber bushings. These plates are fastened
together by roll forming. The bonding and preloading of the
rubber in compression ensures maximum torque capacity and
fatigue life. The thin rubber sections loaded in compression
provide for a relatively high radial stiffness and thus allow the use
of this coupling without a centering device in driveshaft applica-
tions. The coupling is attached to mating forked shafts in an
alternating attaching arrangement of the driving and driven mem-
bers.

Fig. 8 shows a rubber coupling used in some axle driveshaft
applications. This design which provides for the rubber to be
loaded principally in compresssion when torque is applied to the
shaft coupling member, has equally spaced integral paddles
positioned by rubber molding, in the cavities of the outer coupling
member.

Ep.?—ﬂubberwuﬂngwmmwmm
ints

LOCK WASHER
RUBBER COUFLING

FLANGED SHAFT

PADDLES

Fig. 8 — Rubber coupling with intemally molded paddies
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Section 3.2.1

Basic Requirements for Constant Velocity (CV)
Universal Joints

E. R. Wagner, P.E. — Saginaw Steering Gear Div., GMC

Basic relationships can be established which show the
mathematical conditions necessary for a universal joint to trans-
mit constant velocity when operating at an angle. The following
conditions required to achieve constant velocity must be satisfied
by all universal joint constructions with but one known exception,
the tripot joint, which will be described later:

1. The plane of contact between the driving and driven or input
and output members, respectively, of a universal joint,
must be held constant in space. (Note: In a nonconstant
velocity joint, such as the well known Cardan joint, this
plane of contact oscillates back and forth in space and is
alternately perpendicular to the two yokes.)

. The plane of contact must be perpendicular or normal to the
plane determined by the rotational axes of the driving and
driven members of the universal joint.

. The plane of contact must form a relative angle to both
driving and driven members which is equivalent to one half
of the total joint angle. This is usually defined as bisecting
the obtuse angle formed by the driving and driven member
rotational axes.

Synonymous terms used for the constant velocity plane are,
bisecting angle plane and homokinetic plane. Therefore, the
constant vélocity plane is the plane described by all contact points
of a universal joint which produces an angular velocity ratio of
unity between the output and input members. This plane bisects
the obtuse angle formed by the input and output member rota-
tional axes andis perpendicular to the plane containing these axes.

It should be further emphasized that a requirement for constant
velocity is that all contact points between the driving and driven
members must at all times lie in the bisecting angle plane for the
entire design angular displacement range of the joint. Some joint
constructions, however, produce constant velocity at a specific
joint angle or over a limited angular range only, while at other
angles they transmit approximate constant velocity. In order to
fulfill the requirement for constant velocity, it is obvious that no
point in the constant velocity plane can be rigidly connected to or
be a fixed part of either the driving or driven members of the joint.

The basic principle of operation of a simplified constant veloc-
ity joint is shown in Fig. 1. Both shafts 2 and 3 have arms which
are equally bent to angle Jy. When the input and output centerlines
of the shafts are displaced at joint angle 8, the point of contact of
2 and 3, point B, lies in the plane of the paper and in the constant
velocity or bisecting angle plane previously described. The veloc-
ity of B as a point in 3 coincides with that of B as a point in 2. The
perpendiculars to the axes, BC and BD are equal. Because of
symmetry, the point of contact B will lie in the bisecting angle
plane for all other positions of rotation. The radius to the point of
contact will be the same for both members and, therefore, the

CON STANT
VE LOCITY PLANE
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Fig. 1 — Simplified constant velocity universal joint

angular velocities of the two shafts will be equal at all times.

Ball type joints in various constructions have been the most
common means used to achieve constant velocity utilizing the
principle of the constant velocity or bisecting angle plane. In these
ball type joints, this plane‘passes through the instantaneous center
of the joint and bisects the driving and driven member rotational
axes at any instant. The instantaneous center of a body is defined
as that axis, through a point, about which the motion of the body
at any instant is one of rotation only and no translatory motion
need be combined with the rotation to produce the actual motion
of the body. The intersecting rotational axes locate the joint
geometric center and thus the instantaneous center of rotation of a
ball type joint coincides with its geometric center, whenever the
plane of contact is maintained in the bisecting angle plane.

In order to transmit constant velocity, a system or means must
be incorporated in a ball type joint which requires that the balls
serve as the intermediate drive member in the constant velocity
plane. These balls, when located in cooperating grooves in the
joint driving and driven members, must allow relative angular
displacement between these members, and when properly
guided, will maintain contact through the bisecting angle plane.
When a ball type joint transmits constant velocity by utilizing the
principle of this plane, all major joint elements rotate at constant
velocity. The design problem in ball type CV joint constructions,
therefore, is that of producing an arrangement which provides
contact between driving and driven members always through the
bisecting angle plane; and this can be achieved as follows:

1. By having ball grooves in the mating members whose
centerlines intersect at one defined location. This location
then positions the ball. (for example, the Weiss joint)

. By having ball grooves that are inclined relative to one
another in such a manner that the ball is positioned in one
direction but is permitted to move in the other direction. By
alternately inclining these grooves, the adjacent balls are
allowed to move in essentially opposite directions; and
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when a cage is provided, the adjacent balls effectively hold
each other in position. (for example, the cross groove joint)

3. By having ball grooves that position the ball in one direction
only, but with a cage construction which is located between
one or both members and positions the balls in the proper
plane. (for example, the Rzeppa joint)

4. By having parallel ball grooves and providing some exter-
nal locating element which could be a located cage or
individual piloting means for each ball. (for example, the
double offset joint)

Many ball type CV joints use some form of intersecting groove
design. In this construction, the grooves cross each otherin such a
way that the intersection point always lies in the bisecting angle
plane. It can be shown that any groove construction will achieve
this result, provided the mating grooves are of the same geometric
characteristics but of the opposite hand, The grooves may be
curved, or straight, or any combination thereof, as long as they
are not concentric. Reference is often made to the term mirror
image.

The same mathematical relationship which produces contact
through the bisecting angle plane will usually allow axial slip or
end motion. Where the grooves intersect each other, axial move-
ment will provide the same type of geometry as when operating
through a joint angle. This geometry will make the drive balls
move one half of the distance of the relative axial motion of the
driving and driven members and will maintain contact through the
grooves. Some ball type CV joints which are permitted to tele-
scope, maintain the ball contact between the piloting device in
one member. The other member is allowed to move axially which
does provide considerably more sliding but still permits reason-
ably free axial movement.

If it were assumed that the grooves in the driving and driven
members of a ball type CV joint were perfectly concentric, such
as in a typical ball bearing, the balls could roll to their half angle
position when the joint was operating at an angle, Since the
grooves are not concentric and generally intersect each other, this
true rolling condition cannot exist.

When a joint has been turned through a given joint angle, the
ball itself must move into the bisecting angle plane in order for the
joint to produce constant velocity. Theoretically, pure rolling
occurs only around the center through which the joint angle takes
place. Therefore, depending on the geometric characteristics of
the grooves employed in a particular joint design, it follows that
the distance outward or inward in a radial plane, or sideways on a
tangential line, or a combination of both that the ball must move,
is a function of the relative sliding which occurs.

The relative rolling movement of the ball is reasonably free of
friction and can produce a substantially high capacity contact
between the groove and ball. The relative sliding movement,
however, has higher friction characteristics which increases the
operating temperature. The groove contact subjected to this slid-
ing load has relatively less capacity. It is generally true that the
ratio of rolling to sliding motion in any joint is an important factor
in defining permissible operating speeds and loads. The higher
relative sliding motion characteristics place more limitations on
the extremes of the operating conditions. Not only is the load
carrying capacity of the joint somewhat reduced, but the higher
temperatures produced by the frictional heat severely limit the

operating speeds and loads.

In constant velocity joint constructions, it is also possible to use
rolling elements other than balls as the intermediate drive
member. These rolling elements which have been rollers, partial
spheres, cones, or other geometric shapes, often can produce
better groove contact with mating, driving, and driven members,
and provide increased capacity.

They do, however, introduce an additional problem of properly
orienting the axis of rotation of the rolling element in the bisecting
angle plane. They often produce larger relative sliding compo-
nents of motion than simpler balls which are free to rotate about
any axis.

Constant velocity can also be produced by joint constructions
which do not incorporate rolling elements as the intermediate
drive member or members. The most common example of these
designs is the double Cardan joint which consists essentially of
two Cardan joints connected by a coupling yoke and having a
suitable centering device for support and for dividing the total
joint angle. The rotational axis of the coupling yoke lies in the
plane of this joint angle. When the total joint angle is equally
divided, the coupling yoke is symmetrically positioned with
respect to, and its rotational axis is normal to, the bisecting angle
plane. The coupling yoke provides the contact requirements to
produce constant velocity. However, the coupling yoke and other
components connected to it do not rotate uniformly within the
joint. The double Cardan joint can be designed to produce con-
stant velocity at one specific joint angle only, over a limited
angular range or over its entire angular range.

Another joint with constant velocity characteristics is the
Tracta joint, which consists of two fork yokes connected by two
intermediate members. When properly supported and centered by
external means, the intermediate members equally divide the total
joint angle between the two fork yokes. Also, these two inter-
mediate members are then always symmetrically positioned with
respect to the bisecting angle plane in the plane of the joint angle,
and constant velocity is transmitted. This function of dividing the
joint angle is very similar to that of the coupling yoke of a double
Cardan joint.

In the preceding discussion of the requirements for constant
velocity, it was emphasized that the joint construction must be
such that the driving and driven members always maintain contact
through the bisecting angle plane. A ball type CV joint construc-
tion does exist, however, in which contact is always perpendicu-
lar to the rotational axis of either the driving or driven member.
This joint is the tripot joint and consists essentially of three
equally spaced balls located on one member and perpendicular to
its rotational axis. These balls mate with three equally spaced
axial bores in the other member. Therefore, when the joint is
angulated, an offset must take place between the driving and
driven member geometric centers, and when the joint is rotated,
an orbiting motion occurs. Since the geometric centers of the two
members do not coincide, the instantaneous center of rotation of
the joint also does not coincide with either of these points but must
also rotate in an orbital path about the joint center in order to
produce constant velocity. This orbiting characteristic is not pre-
sent in other ball type CV joints which utilize the principle of the
bisecting angle plane since in those joints, the geometric center
and instantancous center of rotation always coincide.
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Various specific joint constructions have been used to satisfy Reference
the previously described requirements for constant velocity.

These designs are described in detail in the following sections. 1. P. J. Mazziotti, Dynamic Characteristics of Truck

Driveline Systems, Published in SAE SP-262, 1964.
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Section 3.2.2
Double Cardan Universal Joint

E. R. Wagner, P.E. — Saginaw Steering Gear Div., GMC
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Fig. 1 — Double Cardan universal joint

Introduction

The patent literature shows that the concept of the double
Cardan universal joint was developed as early as 1903 and that
patents on various applicable features were issued through the
mid 1970s. Its first known vehicle usage began in the late 1920s
and early 1930s as the outboard joint in early American and
French front wheel drive passenger cars. Since that time, it has
found wide acceptance in automotive drivelines and other appli-
cations where increased joint angles have precluded the use of the

Cardan joint.

The double Cardan universal joint shown in Fig. 1, in a typical
design, is a near constant velocity universal joint, which consists
of two Cardan universal joints, whose crosses are connected by a
coupling yoke with internal supporting and centering means and
has intersecting shaft axes. At the design joint angle and at zero,
the instantaneous angular velocity ratio is unity while at other
joint angles it is near unity.
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The ball and socket centering device divides nearly equally o:::
total joint angle between the two joints. The double Cardan j
transmits constant velocity because the second joint compensates

created by the first joint. It

or the fluctuations in angular velocity >
Eoes not have true constant velocity at all operating angles, but the

error is so slight that it can generally be neglected, as will be
Sho[:n o|dcr to appreciate the advantages of the double Cardan
joint, the limitations of the Cardan joint must first beumdersmod

Thckjmmaﬁcsofttha:danjointa:ediscussedmdetaﬂma
previous section and will be repeated here only briefly. When
operating at an angle, this joint does not produce a uniform
transmission of angular velocity and torque since the output or
driven yoke rotates at nonuniform angular velocity with respect to
the input or driving yoke. Depending on the type of installation,
the maximum continuous operating angle must be controlled so
that this nonuniform motion will not set up exciting vibrations in
the driveline system. The joint angle limitations are determined
by these three basic parameters:

1. Torsional excitation produced by nonuniform transmission
of veloctiy.

2. Inertia excitation produced by the oscillating torque loads
resulting from the driveshaft inertia being accelerated and
decelerated through nonuniform motion.

3. Secondary couple excitation caused by the transmission of
torque when operating a Cardan joint at an angle. This tends
to excite the end supports.

In comparison, the double Cardan joint has the following
kinematic advantages:

1. Torsional excitation is effectively cancelled within the joint
itself,

2. The large inertia of the driveshaft will rotate at effective
uniform velocity when driven by a constant velocity joint.
The coupling yoke of the double Cardan joint does not turn
uniformly; however, this produces a comparatively small
rotating inertia.

3. The secondary couple forces from the double Cardan joint
are effectively reduced to static components only. This
eliminates the exciting forces on the end supports and will
be shown with an illustrative problem,

In addition to these kinematic characteristics and the ability to
operale at higher joint angles than the Candan joint, the double
Cardan joint in driveline applications offers the following addi-
tional advantages:

1. Use of common bearing and cross components of the
Cardan joint

Relatively low cost

Rugged construction

Relatively long life

Ability to operate at a relatively cool temperature

. Relatively high axial thrust capability

. Relatively higher continuous operating angle than other
constant velocity joints
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Fig. 2— Output velocity variation of double Cardan joint versus
Cardan joint

Kinematics
Velocity Variation and Torsional Excitation

Since the double Cardan joint does not transmit true constant
velocity at all operating joint angles, the output velocity variation
at a given joint angle will depend on how this angle is divided
between the two halves of the joint. This is determined by the
location of the centering device in the joint.

Fig. 2 shows a comparison of the output velocity variation of a
double Cardan joint versus a Cardan joint. The constant input
angular velocity of the joints is assumed to be 4000 rpm and
output speeds are shown for various positions of rotation of the
driving shaft.

In the case of a double Cardan joint designed to produce true
constant velocity at a 13°17°44"’ total joint angle, for example,
the output speed is shown as a straight line when the joint operates
at this angle. This is as it should be since the output follows the
input exactly at this operating angle. Since there is no output
velocity variation from this joint, the torsional excitation is also
effectively cancelled within the joint itself.

If this samne joint is operated at a 20 deg joint angle, the division
of this angle between the two halves of the joint produces an
output velocity variation and torsional excitation equivalent to a
Cardan joint operating at a 1° 51'21"" joint angle. The output
speed of this equivalent Cardan joint varies from w cos 8 to w/cos
@ twice per revolution. When & = 4000 rpm and 8 = 1° 51'21',
these minimum and maximum output speeds are:

@ cos 6 = 4000 x 0.999475 = 3997.9 rpm
_ 4000
0.999475

= 4002.1 rpm
cos f

With these extreme velocity variations, the speed fluctuations
can be expressed in percent as follows:

Speed fluctuation = (@ max — @ min) % 100
m mean

(4002.1 — 3997.9) % 1
4000

00
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Fig. 3 — Schematic view of double Cardan joint

Speed fluctuation = 0.105%

When a Cardan joint operates at a 4 deg joint angle, its speed
fluctuation is 0.488%, while at an 8 deg joint angle, itis 1.955%.
Therefore, a double Cardan joint, even though it is not operating
at ornear its true constant velocity position, will give a significant
reduction in velocity variation and torsional excitation. It should
be noted that the 20 deg joint angle was chosen because its speed
variation deviates enough from a straight line so that it can be seen
clearly in Fig. 2. In practice, a double Cardan joint would operate
only intermittently at such a high joint angle at driveshaft speeds.

Inertia Excitation

In a double Cardan joint, the coupling yoke rotates at
nonuniform speed when the input angular velocity is constant.
This coupling yoke or intermediate member, therefore, acceler-
ates and decelerates twice per shaft revolution. Since the rota-
tional inertia of the coupling yoke is accelerated and decelerated
through nonuniform motion, oscillating torque loads are im-
pressed on the driveline system. This is known as inertia excita-
tion, and its magnitude depends on the size of the joint angle and
the inertia of the coupling yoke.

For a typical joint used in a driveline for a large passenger car,
the effective mass moment of inertia of the coupling yoke and its
associated cross and bearing components was found by experi-
mental means to be 0.0290 Ib-in-s*. The normal design operating
joint angle is considered to be 10 deg; and therefore the angle of
the input half of the joint is approximately 5 deg. At a rotational
speed of 3000 rpm, the maximum value of the inertia torque can
be computed as follows:

T=Jx
where:
J = Mass polar moment of inertia, 1b-in-s*

a = Angular acceleration, rad/s?

105

The approximate value of the maximum angular acceleration
can be determined with the following expression developed in the
section on the Cardan or Hooke Universal joint:

2w N )3
60

amax, = 00 = 6* |

where:
@ = Joint angle, rad
@ = Angular velocity of driving yoke, rad/s
N = Rotational speed of driving yoke, rpm
Also, 1 rad = 57.296 deg

Hence:

{5 & (2m %3000
i (57.296] | 60 )

Cmax = 151.61 rad/s*
Thus:
T =Ja = 0.0290 x 751.61
T = 21.80 Ib-in

Even though this inertia excitation cannot be eliminated from a
double Cardan joint, its effect can be reduced if desired in multi-
ple joint arrangements where the accelerations are placed out-of-
phase with each other. Cancellation is also possible to a degree
where a double Cardan joint is used in combination with a Cardan
joint. Here again, proper phasing can cancel inertia effects with
the torsional characteristics of the Cardan joint. The detailed pro-
cedure for analyzing these inertia effects is discussed in the sec-
tion on the Cardan or Hooke Universal joint.

Secondary Couple Excitation

Since the double Cardan joint is basically two Cardan joints in
series with a centering device, secondary couples react on their
supporting bearings when torque is transmitted at a given joint
angle. It will be shown with an illustrative problem that these
couple forces on the supports are effectively reduced to static
components only. The dynamic or exciting forces which cause
disturbances are eliminated in a true constant velocity joint. In a
near constant velocity joint, such as the double Cardan joint, they
are almost zero.

The double Cardan joint includes a centering device about
which it is self-supporting and self-aligning. This centering de-
vice must support the secondary couples on the coupling yoke
resolved into forces around its length. Fig. 3 shows a schematic
view of a double Cardan joint in the rotational position where the
couples T sin @ react on the coupling yoke. The forces resulting
from these couples must be supported by the centering device.
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