
splined connection used must be of sufficient size and strength to 
withstand the forces which may result from the functional and 
durability requirements of a given application. Various types of 
splined constructions such as involute, parallel side, and rolling 
element splines, as well as square and rectangular bar shaft and 
other configurations are described in the chapter on Splines and 
Axial Motion Devices. 

Shaft Support Bearings 

When a driveline arrangement has three or more universal 
joints, the Mveline must be supported at one or more inter­
mediate points with a shaft sUPPlrt bearing in addition to the end 
supports. These shaft support bearings are generally of special 
design and must withstand the forces which may result from the 
functional and duntbility requirements of a given application. 
These special design characteristics and the various possible 
support bearing configurations are described in the chapter on 
Shaft Suppa" Bearings. 

Ball Type Universal Joint Attachment Means 

Driveshafts with various ball type universal joints, in particu­
lar, are generally attached to other drivetrain components with 
splined, flanged, or disc type connections. These connections are 
usually designed integral with the housing or outer race member 
and are shown in the sections describing these various joints and 
are also discussed in the chapter on Axle Driveshafts. The attach­
ment means must be designed to withstand the forces which may 
result from the functional and dwability requirements of a given 
application. 

Fastener Tightening Torques 

In Table I, typical tightening torque values are fabulated for 
various types and sizes of fasteners and recommended for the 
positions or locations indicated. Some applications, however, 
may requi1e other tightening torque ranges in order to meet the 
installation functional and durability requirements and operating 
characteristics. In any event, the fastening means :;hould be 
properly applied and excessive tightening torques should be 
avoided to prevent fastener failure at high rotational speeds. The 
bolts, cap screws, and U-bolts used are generally made of 
medium carbon alloy steel and confonn to the SAE grade 8 bolt 
specifK:ations. It will be noted that the torque values listed for 
U-bolts are somewhat lower than nonnally used willl the indi­
cated thread sizes. These lower torque values are required to 
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TABLE 1- TYPICAL RECOMMENDED TIGHTENING TORQUES 
Torque 

po.moll Of Location F .. tener Size J!..!?;ID... 

Flange Yoke Bolts 5/16-24 U.N.F. 1M. 22· 26 
318-24 U.N.F. 1M. 40 · 48 
7/16·20 U.N.F. TM. 63 - 75 
1/2-20 U.N.F. Thd. 97-116 
5/8-18 U.N.F. Thd. 194·232 
11/16-18 N.S. ThcI. 262 . 315 
3/4-16 U.N.F. Thd. 341·409 
7/8-14 U.N.F. Thd. 543 - 652 

End Yoke U-Bolts 5/16-24 N.F. Thd. 14 · 17 
3/8-24 N.F. Thd. 20 - 24 
7/16-20 U.N.F. Thd. 32 - 37 

Bearing Retainer Plale 5/16-24 N.F. Thd. 17 - 24 
Bolts or Cap Screws 3/8-24 U.N.F. Thd. 32 - 42 

7/16-20 U.N.F. Thd. so· 66 

Bearing Cap and Strap 5/16-24 U.N.F. Thd. 17·24 
Bolts or Cap Screws 1/2-20 U.N.F. Thd. n ·103 

9116-18 U.N.F. Thd. 110·147 
3/4-16 U.N.F. Thd. 271 ·362 
1·12 U.N.F. Thd. 744 - 844 

WJOg Bearing Bons or 5116-24 U.N.F. Thd. 22 - 26 
Cap Screws 3/8-24 U.N.F. Thd. 40·48 

7/16-20 U.N.F. Thd. 63·75 
1/2-20 U.N.F. Thd. 97 - 116 

Stub Shaft Bolts 318-24 N.F. Th:!. 21 ·32 
7/16-20 N.F. Thd. 34 - 50 
1/2·20 U.N.F. Thd. 52 -78 
518-18 N.F. Th:!. 104-156 
314-16 N.F. Thd. 182 - 273 

Shaft Support 3/4-16 U.N.F. Thd. 120-160 
Bearing (Center 
Beartng) Stub Shaft 
80', 

Stub Shaft End Nuts 7/8-16 N.S. Thd. 350 - 387 
(Self·LockIng Type) 1-20 N.S. Thd. 550 - 600 

1-1/4-1e N.S. Thd. 700 - 750 
1-1/2-1e N.E.F. Thd. 1000-1500 
1-314-16 N.S. Thd. 1000-1500 

Stub Shaft End NIJts Torque nlJts to the 
(Cotter Pin Type) mean value Specified 

for self-Iocklng type 
stub shaft end nuts. If 
the cotter pin cannot be 
assembled with ease, 
rotate the nul \0 the 
nearest slot and lhen 
assemble the cotter 
pin. 

prevent bearing cup distortion, which can result in premature joint 
bearing failure from the use of the higher torque values or from the 
application of improper tightening procedures. 
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Chapter 8 

Balancing 
E. R. Wagner, P.E. - Saginaw Steering Gear Dj"" GMC 

Theory 

It is well known that a rolating body will nol exert all)' variable 
disturbing action on the bearing supports when the axisof rotation 
coincides with oneof the principal axis or axes of symmetry of the 
body . Due to the practical limilS of manufacturing, the cenler of 
gravity or mass center of a rotating driveshaft, in all but rare 
instances, does IlOt exactly coincide with its axis ofrolation. This 
rotating eccentric mass cenler produces an unbalanced centrifugal 
force proponionailo the square of the rotational speed, causing 
deflection , stresses, and vibration which may result in component 
failure. objectionable noise, and ride feel for a vehicle's 
occupants. 

Balancing can be defined as the process of altering the distribu· 
tion of mass in a rotating body to eliminate or minimize vibration 
at the supponing bearings. Unbalance is the product of weight and 
displacement and the customary unit for its measurement is the 
ounce-inch. 11 is the product of the weight in ounces and the radial 
distance in inches that the unbalance weight is from the center or 
altis of rotation. 

A shaft may be in static or dynamic unbalance, or both. It can 
be shown thac a statically balanced shaft is not necessarily dynam­
ically balanced . In Fig. I(a) is shown a shaft with a single disc 
which is in static unbalance. The unbalance of this single disc can 
be detected by allowing the disc to rotate about its shaft rotational 
axis between two horizontal and parallel knife edges. The disc 
will rotate and come to rest with the heavy side on me bcmom. 
This type of unbalance is called static unbalance since it can be 
detected by static as well as by rotating means. 

It is possible to statically balance the single disc by an addi­
tional weight equal to the unbalance but opposite to the onginal 
eccentricity. By inspection, it can be seen that the single disc will 
now be not only statically balanced, but also in dynamic balance. 
This dynamic balance is evident since the two centrifugal forces 
cancel each other. [n fact, the balancing weight need not be equal 
to the unbalance weight. 11 is merely necessary to place the 
balancing weight at a radial distance such that the centrifugal 
force developed will be equal to the cenlrifugal force of the 
dynamic unbalance. Therefore. in contrast to static unbalance. 
which can be measured by nonrotating as well as rotating means, 
dynamic unbalance can only be detected by rotating the shaft and 
disc system. AJso, the system must be rotated at a speed high 
enough to assure dynamic mocion. 

When two discs are placed on a shaft as shown in Fig. l(b), the 
problem becomes rathercompielt . Arbitrarily. the arrangement of 
the unbalance indicated in the illustration is such that the system is 
statically balanced. Upon rotation, however, the system will be 
dynamically unbalanced since a bending moment is developed in 
the shaft. Because of the bending moment, the shaft will rotate in 

(0) 

Ag. 1 - SIngle disc and two <lsc Shaft systems 

a deflected configuration and whirling will result. Therefore, the 
problem of the two discs as iIIuSU'ited in Fig. I (b) is ooeof static 
balance and dynamic unbalance. The two·disc system can be 
balanced by the same procedure employed in baJancing the single 
disc. However. it is seldom convenient to balance such a system 
in the planes in which the unbalances occur. 

Fig. 2 shows a general case of a shaft with two discs where the 
system is both statically and dynamically unbalanced. The unbal· 
anced forces P and Q can always be eliminated by the addition of 
two com:ctioo weights in any two para1lel planes of rotation. 
First, the unbalanced force P can be replaced by two parallel 
forces PaiL and PblL. In a similar manner, Q can be replaced by 
two parallel forces QcIL and QdIL. The two forces in each plane 
can then be combined into a single resultant force respectively, RJ 
and R:, that can be balanced by a single correction weight as 
shown. The two correction weights, C1 and 4, introduced in the 
two parallel planes completely balance P and Q, and the system is 
statically and dynamically balanced. This is so since there are 
neither unbalanced forcr:s nor unbalanced moments when the 
system is in rotation. Therefore. any system thac is dynamically 
balanced is also statically balanced, but the converse may not be 
""e. 

Unbalance Effects 

Unbalance forces on a typical driveshaft are the results of many 
individual unbalance effects. These unbalance effects can be 

2 15 
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Fig. 2 - System 01 two discs statically and dynamlcally un· 

"""'ced 
listed as follows: 

I. Non-symmetry of rotating pans such as universal joint 
yokes which can be essentially heavieron one side than the 
other or tubing which can have a varying wall thickness 
around the circumferential section. These and elher exam· 
pies of the same type can produce unbalance effects. 

2. The driveshaft can be supponed off center on its supporting 
members. The driveshaft depends upon these adjoining 
structures or units for its support. 

3. The driveshaft itself may not be SlTaight. Straightness or the 
amount of nmout defines the extent of this condition. 

4. Operating clearances of universal joints. splines, and other 
components will allow the members that they support to 
move off center. 

5. The driveshaft itself is an elastic member. When subjected 
to some unbalan!=c forces. it will tend to deflect until the 
spring restoring forces as a beam are in equilibrium with the 
resultant unbalance force. 

These five basic unbalance effects contribute to the dynamic 
unbaJance. The resultant effect of these conditions can be defined 
as two basically separate phenomena as follows: 

I. An initial unbalance force consisting of an off center rela­
tionship. support runout, shaft rullOut, and looseness. 

2. An additional unbalance force resulting from deflections of 
the driveshaft as an elastic member until an equilibrium 
condition exists. 

Fig. 3 shows a representation of these two conditions. In this 
figure. an e)ement of the drive shaft is considered. This element is 
subjected to some spring restoring force which will move back. 
toward center whenever it is deflected. This spring restoring f~ 
is a function of the transverse stiffness of the driveshaft itself. 

I-
Z 

'" DEFLECTION ., 
u 

~ 0: I'~'" => 0 

'" ... ";,000 
'" FORCE VS OEFLEC-
0: TION OF SHAFT 

'" u 
0: 
0 ... '" [2000 RPM u 

0: 
0 ... 
-' 

" I- 1000 RPM 
z 

0 
DEFLECTION 

Fig. 3 - Unbalance lorees versus deflection 

In Fig. 3, force is plotted versus deflection. A straight line from 
the origin is defined as the deflection rate oflhis element. This rate 
defines the restoring force relative to units of deflection. Plotted in 
this figure is a series of lines illustrating the effects of an initial 
unbalance force at zero deflection being supplemented by the 
effects of the increment of mass being mo\'ed off center. The 
point of equilibrium is reached when the restoring force equals the 
resultant unbalance force. This equilibrium point defines the 
actual unbaJance which exists in the driveshaft. 

Some statements which can be made from this figure are: 
I . As shaft speed increases, there will be a greater difference 

between the total unbalance foree and the initial unbalance 
force, 

2. The initial force itself is comprised of several elements. The 
effect of these elements changes with speed. 

3. Some shaft speed will exist where the slopes of the two lines 
are the same. Under this condition. the initial amount of 
unbalance would increase at the same rate as the spring 
restoring force increases with deflection. This condition is a 
representation of the critical speed. 

4. The totaJ nloout or deflection in a driveshaft changes with 
speed. A measurement of this deflection change is also a 
measurement of the unbalance change. 

Balancing Parameters 

Various factors which influence dynamic balance in a 
driveshaft must be controlled to provide reasonable limits of 
unbalance for the entire operating speed range. These parameters 
which must be kept under control are as follows: 

I. Runout of the driveshaft il.c;e lf is the most significant 
parameter relative to the way in which unbalance is effected 
by various operating speeds. Over a wide speed range, 
especially at high speeds. this parameter is the most impor­
tant single factor in dynamic balancing. 

2. Operating cle3nlJlces of universal joints, splines. and other 
components must be maintained as c~e as possible, These 
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clearances allow the driveshaft to move off center during 
rotation and actually add to the effective runout. 

3. Driveshaft components that are non·symmetricaJ have a 
lesser effect on dynamic balance. Yokes and mos! other 
components subjected to this non·symmetry are generally 
located on the shaft ends close to where unbalance correc· 
tions can be made. These components at the ends are not 
subject to the deflection changes at increasing speed to the 
extent that they would be if they were located at or near the 
midpoint of the driveshaft length. A notable exception 
exists where tubing has variations in waH thickness. It is 
very important to maintain uniform wall thickness around a 
diameter so that those elements of tubing near the mid· 
length of the shaft will have small initial unbalance. 

4. Any dynamic balancing operation on a driveshaft should be 
performed with the shaft's mass centersupported very close 
to its rotational axis. Corrections can be made and a reason· 
able limit of unbalance achieved. This operation can be 
completely nullified if the driveshaft is mounted in support· 
ing yokes or flanges which have large runouts. These 
runouls cause the shaft to rotate off center and eliminate 
much of the benefit that a dynamic balancing operation is 
meant to achieve. 

Balancing Limits 

In any balancing procedure, the balance specification must 
include all of the previously described parameters. The specifica­
tion must establish limits of driveshaft runout since smaller runout 
limits result in better balancing. The specification must also 
define limits on fils and clearances and limits of symmeuy which 
must be maintained. Also, accuracy limits in supporting the 
driveshaft in the balancing machine must be specified. Most 
important is that the balancing procedure must show a calibration 
method for measuring the magnitude of the force on the supports. 

There is generally Iinle relationship between the summation of 
unbalance forces on the supports and the amount of correction 
necessary to balance a driveshaft commercially. The balancing 
machine indicates the total effect of all of the unbalance variables. 
The unbalance correction is limited 10 those elements which are 
correctable. It is impossible to correct for unbalance resulting 
from operating clearances and the magnifying effect such as from 
centrifugal force. These uncorreclable unbalance effects are those 
associated with the weight of the driveshaft and clearances in· 
volved. Operating clearances in splines and universal joint bear· 
ings can be maintained al approximately the same limit for any 
size or type of driveshaft. Hence, the limit to which dynamic 
balance may be achieved is a function of the weight of the 
driveshaft itself. Dynamic balance limits in manufacturing should 
be established, therefore, as a function of the driveshaft weight 
supported by each end and subject to operating clearances. Com· 
ponents solidly attached to the balancing machine are not affected 
by operating clearances and, thus, do not innueoce the unbalance 
limit considerations. 
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Balancing Mochines 

Driveshafts are usually dynamically balanced in machines 
which rotate the shaft at its operating speed or at some appropriate 
speed within its operating range, and determine the location and 
amount of the unbalance force at each of the supporting bearings. 
Generally, driveshafts which rotate faster than automotive vehicle 
wheel speed require dynamic bal.mcing. 

The most widely accepted dynamic balancing machines are 
those which rigidly mount the supporting heads and measure 
unbalance forces through sensitive electronic circuits. These 
machines essentially measure the force in the same manner as 
strain gage or other comparable instrumentation would measure 
any oscillating stress. The comparatively rigid supporting heads 
in these balancing machines require that the driveshaft deflect as a 
simple beam. This requirement appears to be the best compromise 
when performing a dynamic balancing operation. Adminedly. it 
would be preferable to support the driveshaft on heads which have 
the same resilient characteristics that exist in its operating envi­
ronment. Since this condition is not possible to achieve. the 
comparatively rigid support is used . 

Balancing Methods 

Convf;ntionaJ Balancing Procedure 

The most common driveshaft pynamic balancing method is the 
conventional balancing procedure which is basically that de· 
scribed previously in conjunction with Fig. 2. Balancing isgener­
ally the final operation perfonned in the assembly of a driveshaft. 

Prior to the actual balancing operation, the drivcshaft is 
checked for straightness and, if necessary, corrected to allowable 
maximum runout limits to reduce the amount of balance correc· 
tion required. The allowable maximum runout limits are depen· 
dent upon the particular driveshaft design and the nature of its 
application. 

Generally, for aUiomotive two-joint driveshafts not exceeding 
60 inches in length, the runout must not exceed certain allowable 
maximum limits when moumed between fixed centers. These 
limits are affected by the tube size and wall thickness used. In the 
chapter on Tubing, a table is shown which lists the allowable 
runout, straightness, and ovality of various mbe sizes. This table 
can be used as a guide to assist in determining a practical allowa· 
ble maximum runout specification. For example, a typical pas­
senger car two·joint driveshaft design with a 3.00 in diameter lube 
specifies thai the runout or straightness deviation must not exceed 
0.015 in total indicator reading, eKctuding 0.009 in tube ovality, 
when mounted between fixed center'i. This runou! is measured at 
the midpain! of the tube length as well as near both ends of the 
tube. Depending on the particular driveshaft design, similar al· 
lowable maximum runcut limits are used for automOtive multi· 
join! driveshafts. 

In the conventional balancing procedure. the two com:ction 
planes required for dynamic balancing are selected as close to' 

each end of the shaft as practical so that the amount of balance 
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correction and balance lime necessary is minimized. The pcrmis~ 
sible amount of residual unbalance in each of these planes is 
expressed in ounce-inches and is determined by the application 
and the magnitude of the vibration which can be tolerated. 

Unbalance correction of the driveshafts is generally ac~ 

comptished by projection welding to the shaft, suitable size steel 
weights al the proper angular locations of the correction planes. 
For automotive driveshafls, typical correction weights range in 
size from 0. 10 to 1.38 oz. The projection welding of weights to 
the shaft is a rapid oper,uion and can be easi ly adapted 10 being 
perfonned on the balancing machine. It can be readily incorpo­
rated infO a completely automatic cycle, especially if the correc­
tion weights are metered out and sheared off from strip stock as 
required. A metering operation overcomes the accuracy limita­
tion imposed by precut weights of various sizes. In selecting the 
point or plane of correction, the proposed correction wcight 
should nOI interfere with the function of the shaft nor should it 
diston or weaken it. 

For passengcr car and light-duty truck drives hafts, it has gener­
ally becn the practice 10 balance between 3000 and 3500 rpm. 
Police car shafts are usually balanced at higher speeds such as 
4300 rpm. Medium and heavy-duty truck and other vehicle appli­
cations may require other speed ranges. The permissible unbal­
ance for passenger car and light-duty truck shafts has been ap­
proximate ly 0.50 oz-in maximum at each end and also at the 
center in the case of a two piece shaft. However, the general 
practice has been to jnitiaUy balance these shafts to within approx­
imately 0.25 oz-in maximum. Then, if the balance is rechecked 
with the shafts oriented in the balancing machine 180 deg from 
their original position, or if they are rechecked on another balanc­
ing machine, the unbalance limit should be within the permissible 
0.50 oz-in maximum at the original specified balancing speed. 

For medium and heavy-duty truck applicalions and olherheavy 
duty driveshafts. the permissible unbalance has been approxi­
mately 1.00 oz-in maximum for each 10 lb of shaft weight pj.!r 
end. Multipiece shafts are used extensively in medium and 
heavy-duty truck applications. Therefore, because of the gener­
ally large overall length and heavy weight ofthesedrivelines, they 
are usually balanced in one piece sections. for convenience. to the 
permissible unbalanced specification . 

Inboard Balancing (Overbalancing) Procedure 

The inboard balancing method. which is used 10 a limited 
exten!, differs from the conventional balancing procedure in that 
the balance weights are attached at approximately one quarter of 
the shaft length from each end of the drives haft as shown in Fig. 4. 
The optimum location of the balance weights was found by a 
theoret ical derivation to be actually 0.23L, where L is the joint 
centcr-Io-joint center shaft length. Detennining the balance 
weight location by empirical means agrees quite closely with the 
theoretical location. 

The inboard balancing method also differs from the conven­
tional balancing procedure in that it permits the use of tubing with 
a higherrunoul. This balancing procedure depends. in fact, on the 
lubing having a controlied amount of curvature (runout) and with 
the balance weights placed on the inside of this curvature as 
shown in Fig. 4. 

_ [ rUBE CURVATURE 

-
/~023L 

L -

'\LLANCE WEIGHTS 

Fig. 4 - tnboard balanced driveshall 

When an inboard balanced driveshaft is properly balanced. it is 
said 10 be "overbalanced" or "thru" balanced. A shaft balanced 
in thi s manner has the balanceorcorrcction wcights located on the 
inside of the lube curvature or runout as previously stated and 
these weights arc of sufficient size to "pul l" the shaft Ihru center 
al the designated balancing speed. For example, when a correc· 
tion weight is added on the inside of the bend in the tube and the 
shaft is then rotated, centrifugal force tends to straighten the tube. 
The addition of larger weights will further reduce the lube curva­
ture and this runout will become zero whcn the proper amount of 
wcight correction has been added. A further increase in size of the 
correction weights will cause the shaft centerline to move past the 
rotational axis centerline and the lUbe curvature will be in the 
opposite direction. When this dynamic runout condition occurs at 
the designated balancing speed, the driveshaft is said to be "over­
balanced" or "thro" balanced. 

When the shaft has not yet reached thc zero dynamic curvature 
or straightened condition, it is described as "underbalanced". 
Therefore, in order for an inboard balanced driveshaft to be 

properly balanced, it should be overbalanced. This overbalanced 
condition will pennit a given driveshaft to operate at a higher 
critical speed level than when the shaft is underbalanced. 

For a typical passenger car size driveshaft, the maximum 
allowable runout of the tube at any poinl is approximately 0.040 
in total indicator reading with the manufacture of the tube control­
led so that the runout is not less than approximately 0.020 in total 
indicator reading. The weld seam. because of its added mass , is 
held preferably in circumferential location at the inside of the 
bend in order to assist in achieving static balance of the tube. The 
driveshaft, if it is to be inboard balanced at both ends, is over­
balanced at 3500 rpm to a typical unbalance range of from 0.25 
oz.-in minimum 10 0.50 oz-in maximum. 

When this balance is rechecked with the shaft oriented al I go 
deg from ils original position in the balancing machine, or if it is 
rechecked on another balancing machine . the unbalance limit 
should be in the range of 0.12 oz.-in minimum to 0.38 oz.-in 
maximum al 3500 rpm. Because of underbody clearances. the 
balance weights on some inboard balanced driveshafts are not 
placed at their optimum or theoretical axial locations. FrequeOlly, 
the balance correction at the rear oflhe shaft is positioned closer to 
the shaft end than the optimum location. 

The inboard balancing technique pennits the: usc of drivcshafts 
which do not require straightening provided that the runout is 
within the required range previously described. On a balancing 
machine. an overbalanced shaft tends to operate smoother al 
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higher speed, while a convemionally balanced shaft will perfonn 
more smoothly in the lower speed range. Driveshafts balanced by 
the two methods show no noticeable difference in a passenger car 
when driven at various speeds. 

Centrifugal Force EtTects 
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shaft speeds and clearly illustrates the rapid increase of centrifugal 
force. 

The general equation for centrifugal force is: 

where: 

F = W Rw2 
g 

W "" Weight of unbalanced mass 

g = Acceleration due to gravity 

R = Radius of the mass center from the axis of rotation 

1lI = Angular velocity 

This general equation can be ex.pressed in a more convenient 
fonn for use in determining the effect of unbalance. For a given 
number of ounce-inches of unbalance and a known rotational 
speed, the centrifugal force is: 

F ~ 0.000001776 WRN' 

where: 

F :; Centrifugal force, lb 

W = Weight, oz 

R = Radius of weight from axis of rotation, in 

N "" Rotational speed, rpm 

U 

20 

o 
o 

I~ V V V I 

J....-- 1f2 
1/4 

~ V': V l..---'!f'" 

1000 2000 3000 4000 

SHAFT SPEED, RPM 

t-

t-

5000 

Fig. 5 - Centrifugal force characteristics versus shaft speed 
lor various levels of unbalance 
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Section 9.1 

Basic Vibration - Fundamentals and Terminology 
C. E . Cooney - Mechanics Dlv., Borg Warner Corp. 

Introduction 

A vibration results from a system (group of components) reo 
sponding to an alternating excitation with the resulting motion 
being transmined either audibly, (can be heard) or physically, 
(can be felt), to an observer. Vibrations arc repetitive, oscillatory 
motions. 

Vibrations are sometimes elusive and difficult to fmd; how­
ever, they do lend themselves 10 description and definition iliat 
fall into patterns and categories thaI can be analyzed. Prerequi­
sites to such an analysis are a knowledge of vibration in general 
and the tenninology of vibrations in particular. Vehicle vibration 
problems are perhaps the most difficult to identify and correct. 
The difficulty arises because the vibration which the driver hears 
or feels is generally not the source of the problem, but rather a 
component responding to some external excitation. The source of 
the vibration may be built into the vehicle and therefore cannot be 
corrected. In orderfor a vibration problem to exist, the three basic 
elements which must be present simultaneously are: 

A. A responding system 
B. An excitation or exciting force 
C. A transmission path (not required when the noise is air­

borne) 

Responding Systems 

A responding system is a component or system of components 
which tends to vibrate at a given frequency, the natural frequency, 
and in a given type of motion. In order to isolate the responding 
system, it is necessary to identify what components are capable of 
providing aJtemating force inputs orexcitations and what systems 
are likely to respond to these force inputs . Every component of the 
vehicle is a responding system, that is, every component has a 
natural frequency. Fortunately, the majority of these components 
seldom become a problem for the following reasons: 

A. The natural frequencies are beyond the range of the exciting 
force. 

B. The system is damped to the extent that no appreciable 
motion OCCUR. 

C. The systems are physically separated or isolated from the 
exciting force. 

A typicaJ driveshaft and its universaJ joints can excite various 
responding systems in a vehicle with first and second orderexcita­
lions. 

Glossary of Terms 

Amplitude 

The amplitude is the largest value of the displacement of a 
vibrating member on each side of the mean position. 

Antmode 

An anti node is a poin! of maximum amplitude in a vibrating 
system. 

Beaming 

Beaming or bending refers to the flexing of any beam-shaped 
member in the transverse direction, that is, vibrations in a direc­
tion perpendicular to the longitudinal axis of the member. 

Critical Speed 

The critical speed is any speed that produces an excitation 
frequency which is equal to the natural frequency of the compo­
nent or responding system. Critical speed produces a resonance 
and for practical purposes, the tenns natural frequency. res0-

nance, and critical speed are synonymous. 

Cycle 

A cycle of oscillation is the complete sequence of variations in 
displacement which occur during a period. 

Damping 

Damping is the dissipation of energy in a vibrating system. 
Damping can be effected, for example, with mass, friction, 
hydraulic fluid, or rubber. 

Dynamic System 

Any system that is in motion is referred to as a dynamic system. 

Excitation 

An aJtemating or oscillating force which induces a system to 
vibrate is an excitation or exciting force. 
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Forced Vibration 

A forced vibration is one in which an external exciting force of 
a periodic nature is applied to a system and thus causes the system 
to vibrate. 

Free Vibration 

A free vibration is the vibration during which no (orce is 
externally applied to the system. 

Resonance 

Resonance is a condition which exists when the forcing fre­
quency coincides with the natural frequency of a responding 
system so as to produce a vibration of maximum amplitude. 

Responding System 

A component orcombination of components that vibrate when 
an exciting force is applied. 

Frequency Static System 

Frequency of vibration is the number of cycles occurring in a Any system that is at rest is referred to as a static system. 
given unit of time. 

Mode 

A mode of vibration is a characteristic pattern or shape of the 
vibrating system. A complex system has many modes and, there­
rare. will have many modes or vibration. 

Natural Frequency 

The natural frequency of a body or system is a frequency offree 
vibration. 

Nod. 

A node is the point which is at rest in a vibrating system. 

Order or Harmonic 

An order or harmonic is the number of excitations or distur­
bances produced per revolution by a rotating system. 

Period 

A period is the time required for a periodic motion to repeat 

System 

A system is any group of attached or interdependent compo­
nents. 

Transmission Path 

An element or a system of components wroch permits a vibra­
tion or motion to be transmitted or transferred is called the 
transmission path. 

Vibration 

A vibration in general is a repetitive, OSCillatory motion . 
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Section 9.2 

Description of Drivetrain Disturbances 
A. H. Berker - Ford Motor Co. 

In describing the various vehicle drivetrain disturbances, it is 
convenient to classify them according to their source of excita­
tion. Basically, there are four vibration generators in the drive­
train of a typical rear wheel drive vehicle with a front located 
engine. These vibration generators are the powerplant (engine 
coupled to a transmission), universal joints, driveshaft and rear 
axle. Therefore. disturbances may be grouped in four separate 
categories as follows: 

Powerplant Induced Disturbances 

These disturbances include gear rattle, shudder, clunk, boom, 
and lip-in-moan. as well as accessory induced disturbances which 
are described as follows: 

Gear Raule 

Gear rattle occurs with manual transmission equipped vehicles 
during low speed (10·30 mph) acceleration in high gear. Engine 
filing impulses cause all gearing in mesh to oscillate in a torsional 
mode through lhe lash limits of the mating gears. Striking of lhe 
gear teeth results in an audible sensation called gear rattle. In 
typical four cycle engines, torque or firing impulses are related to 
the number of cylinders as shown in Table I. 

TABLE I - ENGINE TORQUE OR FIRING IMPULSES 

Shudder 

Number of 
CYlinders 

4 , 
• 

Torque or Flrtng Impul8e. 
per Engine RevoluHon 

2 
3 , 

Shudder is a periodic driveline disturbance which is generally 
experienced at low speed, high torque acceleration. Engine in­
duced shudder occurs al low engine speed in high gear and with a 
fully engaged clutch . Outch induced shudder or "jodder" usu­
ally results from the self-excited vibration (slip-stick) of the clutch 
plate due to improper clutch linkage modulation . Shudder is 
further described in this section under Universal Joint Induced 
Disturbances where shudder is caused by nonconstant velocity 
universal joint secondary couple excitations. 

Clunk 

Clunk. is an impa.ct type of driveline disturbance. It is generally 
attributed to backlash in transmission or axle gearing, and/or 
sudden engagement of automatic transmission friction elements. 

Clunk, as experienced when a stationary vehicle with running 

engine is shifted from neutral to drive or reverse, is aSiatic 
engagement clunk. Whereas clunk, as experienced on tip-in ac­
celeration or tip-out deceleration, is a torque reversal clunk. 

Boom 

Boom is an audible disturbance experienced during low to 
medium speed acceleration. Boom may also occur when cruising 
in the mid-speed range. Generally, boom is associated with vehi­
cle structural resonance and/or drivetrain flr.it mode vertical bend­
ing resonance. 

Boom is somelimes induced by engine ftring impulses over tile 
frequency range of 40-50 Hz. 

Tip--In.Moan 

Tip-in-moan is an audible disturbance experienced inside a 
vehicle that is being lightly or moderately accelerated in the speed 
range of 35-55 mph. This disturbance represents the response of 
the vehicle as a system to engine firing. However, lhe primary 
responding subsystem is the drivetrain which is set into a vibra­
tory motion of relatively large amplitudes when the firing fre­
quency coincides with the drivetrain second mode vertical bend­
ing natural frequency. This response is transmitted to the pas­
senger compartment via the rear engine mount and/or the rear 
suspension. 

Others 

Under this general heading, a brief reference is made to a 
sub-group of disturbances where engine accessories act as vibra­
tion generators.For example,vibration may be experienced by the 
nannal operation of the compressor or alternator, due lo the 
unbalance in the~e accessories and due to bracket designs, which 
may not provide for rigid attachment. Also, pumping noise may 
be experienced with nonnal air pump operation that may be 
objectionable. 

Universal Joint Induced Disturbances 

Nonconstant velocity type of universal joints wiU induce dis­
turbances with frequencies that are twice the driveshaft rotational 
frequency. These disturbances manifest themsel ves as torsional, 
inertia, and secondary couple vibrations or excitations and are 
described in detail in the section on the Cardon. or Hooke Univer­
sal Joint. The double Cardan joint, which is either a nearCOll$tant 
or a constant velocity joint depending on its design, may cause 
clicking or buzzing type of disturbances which are further de­
scribed in the section on the Double Cardon. Universal JrJinl. 
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These disturblll1ccs associated with the Cardan and double Cardan 
joints are also briefly described as follows: 

Torsional Vibration 

The nonunifonn rotational velocity of a Cardan joint operating 
at an angle, produces a torsional vibration. This disturbance also 
occurs in driveshafts with two or more joints where the resuilaIlt 
difference in joint angles or the equivalent joint angles is exces­
sive, or where the join! yoke phasing is improper. 

This disturbance may occur in any continuous operating condi­
tion of the driveline, and it is usually frequency and torque sensi­
tive. 11 very often occurs under full drive or full coast operating 
modes. Torsional excitation can cause driveline rumble, engine 
roughness, mid-car shake or gear ranle (manual transmission 
drivetrains) or a combination of disturbances under high torque 
load condilions. 

Inertia Vibration 

This vibration is produced by the oscillating torque loads 
resulting from the driveshaft inertia being accelerated through 
nonuniform motion due to excessive joint angles in any continu­
ous operating condition. This disturbance exists in any driveshaft 
with Cardan joints and occurs even when torsional excitation is 
eliminated when joint angles are equal in a two-joint system. The 
level of torsional fluctuation depends upon the joint angle size and 
the inertia of the connecting shaft member. Inertia vibrations are 
quite similar to torsional vibrations except that they occur at light 
or no load and, furthermore, they are frequency sensitive. 

Secondary Couple Vibration 

Secondary couple vibrations occur whenever a Caroan joint 
operates at an angle and transmits torque. The magnitude of the 
disturbance increases with an increase in joint angle and torque 
load. 

These disturbances manifest themselves as vehicle take-off 
shudder or drive pinion "flutter" al approximately 10 mph (ex­
cessive rear joint angle), engine roughness and mid-car shake 
(excessive front joint angle), and boom "periods" similar to 
those induced by engine firing. Multipicce drive/inc; insLallations 
with intermediate shaft support bearings are quite susceptible to 
these secondary couple excitations which are torque or load 
sensitive. 

Double Cardao Joint Click 

A clicking SQund can be caused by the unseating of the center­
ing ball in a double Cardan joint. This clicking sound may occur 
during relatively high torque vehicle start operations in forward or 
reverse gear. 

Double Cardaa Joint BUD 

A buzzing sound can be caused by the unseating of the center· 
ing ball in a double Cardan joint. This disturbance may occur in 
certain vehicles operating usually at relatively high speed condi· 
tions. This disturbing characteristic can result at certain drivetrain 
n::sonant frequencies where the buzz has been found to be torque 
and joint angle sensitive. 

Fig. 1 - Plu, Sleellubular driveshall 

Driveshaft Induced Disturbances 

These disturbances include driveshaft ringing . spline grunt, 
and drivetrain critical speed. Driveshaft ringing and spline grunt 
may be anributed to the design of the driveshaft, while drivetrain 
critical speed is associated with driveshaft unbalance. These 
disturbances are described as follows: 

Driveshaft Ringing 

Driveshaft ringing is peculiar to the conventional driveshaft 
design with a plain steel tube as shown in Fig. I. The hollow 
tubing of such a shaft would respond to diverse driveline inputs at 
approximately 100 Hz to cause an audible metallic disturbance 
called driveshaft ringing. 

Spline Grunt 

When a spline is required to slip under torque loads, an objec­
tionable noise may occur in some sliding spline installations. This 
noise is called spline grunt. 

In vehicle driveline applications, this noise may occur espe­
cia11y when the vehicle is started forward, when the driveshafi 
length must change due to vehicle rear end squat and axle carrier 
nose windup. In addition, this noise may also occlJrduring sudden 
severe bralOng when the driveshaft length must change due to 
vehicle rear end lift and axle winddown. 

Drivetrain Critical Speed 

Rotational forces due to unbalance of the driveshaft and/or 
other components, cause drivetrain vibration at first order 
driveshaft rotational speeds expressed in rpm . When the 
driveshaft rotational frequency. in revolutions or cycles per sec­
ond. corresponds to a bending resonant frequeocy (usually the 
first venical bending mode of the drivetrain), a disturbance can 
occur. This disturbance is associated with critical speed. Sus­
tained vehicle operation at or near the critical speed may also 
cause stress failures in the transmission extension andconveneror 
clutch housings. 

The critical speed can be detennined experimentally on the 
vehicle. It is a1so feasible to predict critical speeds analytica1ly by 
means of a computer technique utilizing the mobility concept, 
which is described in some advanced vibration references. This 
method combines the experimenta1ly determined powerplant mo­
bilily with the computed driveshaft mobility to generate the 
drivetrain mobility. A plot of this mobility will yield the first 
mode and second mode bending resonant frequencies. 
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Rear Axle Induced Disturbances 

These disturbances are axle noise , start-up groan, axle chuckle. 
and driveline rumbll: which are described as follows: 

AxJe Noise 

Axle noise , an audible disturbance which occurs over [he 
frequency range of 350-650 Hz, is generated by the following 
mechanism. The axle gears are designed to rotate at a constant 
velociry ratio, thai is, perfect conjugation. However, the velocity 
ratio may be subject to minute variations due to manufacturing 
compromises. This variation, which is termed conjugation devia­
tion or elTOf, is generally present at single or twice tooth contact 
frequency. This conjugation deviation causes the drive pinion to 
speed up and slow down with respect to the ring gear for each 
tooth engagement and thereby generates drivetrain vibrations 
usually of very small amplitudes. For example, the axle housing 
assembly tends to oscillate in a pitching motion. However, when 
che forcing frequency, at a given vehicle speed. coincides with a 
bending or a torsional natural frequency of the drivetrain, reso­
nance occurs and axle housing pitching motion is greatly 
amplified. The signal is then transmitted to che passenger com· 
partment primarily through the rear suspension and the vehicle 
structure, and secondarily via an airborne path. 

Axle noise may be determined by subjective car evaluation. 
However, computer programs have been devised to predict, in the 
design stage, the following axle noise characteristics of a vehicle: 

1. Problem frequencies (Hz) and corresponding vehicle 
speeds (mph). 

2. Severity (major or minor) and nature (torsionaJ or bending) 
of the problems. 

Start-Up Groan 

Start-up groan, which is also known as G-string, occurs as the 
vehicle starts moving in forward or reverse gear. This disturbance 
is usuaJly limited to automatic transmission equipped vehicles. 
Basically, it is a self-excited vibration in the frequency range of 
100-150 Hz caused by slip-stick at the drive pinion and ring gear 
mating tooth surfaces. 

Axle Chuckle 

Axle chuckle is due to the excessive clearance between the hub 
of the differential side gear and the bore of the differential case. 
Axle chuckle is nonnally experienced when the vehicle is aJlowed 
to coast from high speed 10 creep. However, it may also occur in 
float and, at worst, in cruise. 

DriveliDe Rumble 

The eccentricity of the drive pinion, due to gear pitch line 
ronout, would act like the axle gear teeth conjugation error, 
thereby causing the axle housing to vibrate in a pitching mode, 
However, this gear runout will not contribute to axle noise be· 
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cause its frequency is relatively low. On the other hand, this signal 
is within the range of rear suspension natural frequencies. Con­
sequently, rear suspension resonances would occur at given 
speeds and the resulting vibration is called driveline rumble. 
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Section 9.3 

Control of Drivetrain Disturbances 
A. H. Berker - Ford Motor Co. 

MOUNTING BRACKET // 

'---R"AR AXLE 
ER 

"~~~:::::~-,RU 'BB"R BUSHINGS 

-~-A,BS"REIER WEIGHT 

FIg. 1 - Rear axle mounted body boom tuned absorber 

In the previous section on Description of Drivetrain Distur­
bances, these disturbances were described under four separate 
groupings, depending on their source of eltcilation. Therefore. the 
various methods for controlling these disturbances are also 
grouped in the four categories as follows: 

Powerplanl Induced Disturbances 

Clutch Tuning and High Inertia Engine Flywheel 

The clutch may be luned so as to reduce or eliminate engine 
induced gear rattle and boom periods. Basically, such a tuning 
involves reducing the rate of the coil springs that are circumferen­
tia11y located on the clutch hub, and also the clutch friction 
(Coulomb) damping. The latter can be effected by a redesign of 
the friction ring or element (between the clutch hub flange and the 
driven member) and/or II change in friction material. However, 
the side effects of .these modifICations should be carefully consid­
ered. 

Increasing the rotational inertia of the engine flywheel may also 
be an effective means for reducing or eliminating engine induced 
gear rattle and boom periods. However, it may sometimes be 
necessary to combine clutch tuning with a high inertia flywheel in 
order to effectively control engine induced gear rattle and boom 
periods. 

Engine Firing Induced Body Boom Suppressor 

This device consists of a rubber bushing isolated mass attached 
to the pinion nose of the rear axle carrier with a suitable bracket. 
The absorber is generally tuned in the frequency range of 40-50 
Hz. The absorber weight is usually either a laminated or a cast 
construction with a typical design of the laminated construction 
illustrated in Fig. I. 

MULTIPLE RING 
RUBBER ELEMENT 

Fig. 2 - Rubber element tube driYeshatt 

TRANSMISSION 
EXTENSION 
HOUS~ ____ -<E::::''S:''\ 

" 

--rG?'~O 
\' . 

ABSORBER ARM 

o 

Flg. 3 - Transmission mounted tuned absortler 

Rubber Element Tube Driveshaf't 

ABSORBER 
WEIGHT 

A typical design of such a driveshaft is shown in Fig. 2. This 
special driveshaft is quite effective in reducing gear rattle and 
clunk and is equally effective as an axle noise anenuator. The 
design of this shaft is described in detail in the following section 
on Rubber Element Tubes. 

Generally, this anenuator consists of four to eight rubber rings 
bonded by an epoxy type of adhesive or vulcanized to a short inner 
tube and pressed into a longer outer tube. In this design the drive 
torque is transmitted entirely through the rubber element. The 
rubber element is normally positioned at the rearofthe driveshaft. 
In the "reversed" or "inverted" design, the rubber element is 
located at the front of the driveshaft. 

Axle ShaHs with Altered Torsional Rates 

Changing the axle shaft diameters, and thereby its torsional 
spring rate, may alleviate the low speed gear rattle. boom. and 
shudder problems. 

Transmission Mounted Tuned Absorber 

The absorber as shown in Fig. 3 consists of an ann with one end 
attached to a weight and the other end to the transmission. In a 
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typica1 design, the arm features one or two steel plate stampings 
riveted to a laminated weight. Ordinarily, the absorber is boiled to 
a flange provided on the underside of the transmission extension 
housing. The device may be tuned to a problem frequency by 
adjusting the stiffness of the arm (absorber spring) and/or the 
weight (absorber mass). This type of absorber is considered to be 
veT)' lightly damped as the damping inherent in the system, or the 
internal hysteresis. is very low. 

"---:------1Cr-1 -'-L?I ==,oC) 
I I ; 

I 

The absorber is principally a tip-in-moan attenuator. For that 
purpose, it is runed to the drivetrain second mode vertical bending 
nalural frequency in the range of 95-130 Hz. t ' 

The absorber is also effective in reducing boom. In this appliea- I 1['/ " 
tion. the tuning frequency would correspond to the first mode 

H " I , vertical bending natural frequency in the range of 65-95 2.. E r~'''''''~':::-t----;--';''f-y'+u--\' ____ ~R~'TI/ __ -

Mode Shaping Technique 

A vibrating system will exhibit a characteristic form, envelope, 
or shape al agiven frequency. This is commonly called the mode 
shape of the system at that frequency. Basically, the mode shap­
ing technique utilizes the concept of mode shapes in the diagnosis 
of drivetrain disturbances. However, frequencies of interest are 
confined to that of drivetrain first and second mode bending 
resonances. Mode shapes are generated by shaking the drivetrain 
as described in the following test case and measuring the dis­
placement at various stations in the system. 

Initially, it was ana1ytically determined for the lest case that the 
first and second mode bending resonant frequencies for the typi­
cal drivetrain were 76.S Hz and 113 Hz, respectively. On the 
basis of this information, mode shaping is implemented as 
follows: 

TIle vehicle equipped with that typical drivetrain is set up on a 
test stand where a constant input force is applied at the rear end of 
the universal joint sli~ yoke of the driveshaft at a frequency of 
76.S Hz. The envelope or mode shape is detennined by probing 
along the longitudinal axis of the drivetrain. A typical plo! of the 
relative amplitude!! is illustrated as a solid line (graph I) in Fig. 4. 
The test then is repeated with a constant force input at 113 Hz, 
with the resulting plot shown as a dashed line (graph 2) in the 
same figure . 

Examination of these two gmphs. I and 2, in Fig. 4 would 
disclose that relatively larger excursions or amplitudes take place 
along the driveshaft than along the remainder of the drivetrain. 
Furthermore, the relative amplitudes are zero at some points 
along the drivetrain. These stationary locations are called nodes or 
nodal points. It will be noted that for either first or second mode 
bending resonances of this particular drivetrain. the front node is 
common and the reannost node occurs in the proximity of the rear 
universal joint. 

Also, graph I would indicate that the middle node MJ for the 
first node bending resonance is situated at the rear end of the 
transmission extension housing. This plot suggests that this nodal 
point would be the optimum location for the rear engine mount 
with regard to the boom problem. Such a redesign would reduce 
the transmission of vibrations to the vehicle structure and, hence. 
minimize boom. (The association of boom with vehicle structural 
resonance was previously mentioned.) 

Similarly, the relocation of the rear engine mount to Mz would 

~ 0 • , 
ri M, ~ 

-, 

, I 
, I , , 

, I 
, I 
, I 

®\ " , I ,--
Graph 1 ~ Mool Shl:lpe Of f ir" Mode B,nding 

RUOl\oni Freq. (76.5 Hz) 
Groph 2- Mode Shope 01 Secol'ld Mode Bend ing 

Resonant Freq. (113 Hz) 

Fig. 4 - Drivetrain mode shapes 

tend to attcnuate tip-in-moan. a disturbance that is generally 
associated with the second mode bending resonance, as previ­
ously described. However, in the event that boom and tip-in­
moan should be equally objectionable. it may be advisable to 
position the rear engine mount at some location. say Me, between 
MJ and M2 as a viable compromise. 

It is peninent to point out that the path of vibrations emanating 
from the drivetrain may be either through the rear engine mount or 
the rear spring attachments, or both. Consequently, the mode 
shaping technique will not hold if the vibration path should 
happen to be solely through the rear spring attachments. 

. The application of the mode shaping technique to drivetrain 
critical speed studies is described in this section under Drivetrain 
Critical Speed Atrenuation. 

Control of Accessory Induced Disturbances 

In general, control of inherent unbalance in tOe rotating mem­
bers of accessories would alleviate these disturbances. Also, these 
accessories should be properly attached so as to inhibit vibrations. 

Universal Joint Induced Disturbances 

The section on the Cardan or Hooke Universal loint discusses 
in detail the guidelines and procedures for minimizing the tor­
sional. inenia, and secondary couple disturbances associated with 
driveshafts incorporating such a joint. while the section on the 
Double Cardon Univusal Joint describes procedures for 
minimizing the clicking and buzzing disturbances associated with 
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CARDBOARD LINER .-

t _. 1-: -
V 

Rg. 5 - Steel tubular driveshart with two cardboard Hners 

double Cardan joint designs. Methods for minimizing these uni­
ver.;al joint induced disturbances are described briefly as follows: 

Torsional Excitation Limits 

Theeffeci Oflwo or more Cardanjoinls operating in series in a 
driveline can be expressed as an equivalent joint angle. [n pas­
senger car and most truck applications, the maximum level of 
torsional excitation should be maintained under approximately 
400 rad/52 angular acceleration in any continuous operating 
condition for a generally satisfactory dril/eline installation. This 
excitation level is comparable to that of an equivalent joint angle 
of approximately 3 deg operaling at 3600 rpm. To reduce tor· 
sional vibrations to an acceptable level. the driveline geometry 
can be altered in a vehicle to change joint angles by revising the 
engine and pinion nose angles and, therefore, decrease the equi­
valent joint angle. 

Inertia Excitation Limits 

For passenger car and light-duty truck applications, the 
maximum level of inertia excitation shou ld be maintained under 
approximately 1000 rad/st angular acceleration in any continu­
ous operating condition for agenerally acceptable driveline instal­
lation wilhCardan joints . This excitation level is comparable to an 
equivalent angle of approximately 4.75 deg operating at 3600 
rpm. Larger size trucks and certain other highway as well as 
off-highway vehicles, agricultural equipment, power lake-off, 
and stationary installations may generally tolerate higher levels of 
disturbances. 

Inertia vibrations may be reduced by decreasing the equivalent 
joint angle and/or the size of the driveshafl. Forexample. a shorter 
driveshaft incorporating a smaller diamel:er tube and set at a 
reduced equivalent angle would be less susceptible to inertia 
vibrations. 

It should be noted that the equivalenl joint angle limits specified 
for acceptable levels of torsional and inertia excitation relate to 
idealized situations. In practice, the level of these disturbances 
have sometimes been found to be acceptable with joint angles that 
are relatively greater than those suggested. 

Secondary Couple Excitation Limits 

Sccondar:y couple excitation is particularly critical in automo­
tive vehicles with three or more universal joints in the driveline 
arrangement. These multipiece driveshafu must be supported 
with one or more intennediate shaft support bearings, which 
because of their design requirements are quite sensitive to Cardan 
joint secondary couple and other driveline disturbances. The 
design of these bearings is described in the chapter on Shaft 

Support Bearings. For generally acceptable passenger car and 
truck drivelines, the upper limits of the secondary couple oscillat­
ing force arc shown in Table I . It should be noted that these 
rotating couple forces act twice per driveshaft revolution on the 
shaft support bearing. 

TABLE 1 - MAJetMUM DYNAMIC COUPLE FORCES 
Maximum Dynamic (Ro1IIlIng) 

Couple Force, Pounds 

Passenger Cars 
Ught-Dury Trucks 
Medium-Outy Trucks 
Heavy-Duty Trudts 

Double Cardao Joint Click. Attenuation 

8 
15 
25 
75 

TIle clicking sound caused by the unseating of the centering 
ban in a double Cardan joint may be reduced or eliminated. 1be 
unseating of the centering ball can be attenuated by properdesign 
of the centering device components or by restricting the 
maximum operating joint angle. In the typical centering ball and 
seat type of construction used in some double Cardan joints, the 
seal design and the spring load should be optimized to prevent the 
unseating of the centering ball. 

Double Cardan Joint Buzz Attenuation 

1ne buzzing sound caused by the unseating of the centering ball 
in a double Cardan joint can also be reduced or eliminated. At 
given vehicle speeds, certain forcing frequencies in the driveline 
system have been known to induce this disturbance by causing the 
centering mechanism to respond 10 that frequency. It has been 
found that when this exciting frequency is eliminated or shifted, 
the unseating condition may be attenuated. However, the buzzing 
problem may be generally eliminated readily by simply increas­
ing the spring load, or by reducing the operating joint angle. 

Drivesbaft Induced Disturbances 

LiDers 

1he liner is generally an ove~ized tube of spiral wound corru­
gated cardboard paper cut to nearly the full length of thedriveshaft 
tube. TIle liner may also be cut in shorter sections for installation 
at one or both ends of the driveshaft tube. A typical design of the 
latter arrangement is shown in Fig. 5. Cardboard liners will tend 
to reduce longitudinal vibrations (driveshaft ringing) in the 
driveshaft tube. Cardboard liners are further described in the 
section on Liners_ 
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Control of Spline Grunt 

Spline grunt may be eliminated by reducing the axial thrust 
force required to slip [he spline. Solutions to this problem are 
discussed in the chapter on Splines and Axial Motion De~ices. 

Drivetrain Critical Speed Attenuation 

The control of critical speed vibration requires a sufficiently 
high driveshaft critical speed and/or a low unbalance. This solu­
tion is also described in the chapter on Critical Speed. 

The first requirement for the control of critical speed vibration, 
namely, high drivcshaft critical speed, may be met by revising the 
bending properties of the drivetrain as follows: 
u~ of low density driveshaft tubing material, such as 

aluminum or other material. provided that these materials have 
adequate mechanical properties to transmit the torque load. 

Driveshafl redesign to incorporate: 
I. A shorter length rube. This 'change may be achieved by 

lengthening the transmission extension housing (while pre­
serving its rigidity) and/or the use of a three-joint, two piece 
driveshaft. 

2. A larger tubing section moment of inertia without increas­
ing the weight per unit of length. Enlarging the outside 
diameter and reducing the wall thickness of the driveshaft 
tubing would meet this requirement. 

Powerplant (engine coupled to transmission) redesign to pro­
vide maximum rigidity and minimum weight. This approach 
would imply increased rigidity in powerplant components and 
across their joints or connections, and replacement of cast iron 
with lower density material components. 

In a given drivetrain, driveshaft changes would produce a slight 
increase in critical speed, while powerplant modifications would 
result in a significant increase. The reverse may well hold true for 
another drivetrain. It appears, therefore, that the driveshaft and 
powerplant must be properly matched so as to obtain the 
maximum critical speed. 

The second requirement for the control of critical speed vibra­
tion, namely that of low unbalance, is equally imlX'rtant because, 
with an unbalanced driveshaft, the problem may be experienced 
even though the critical speed is grealer than the vehicle 
maximum speed. The greater the unbalance, the lower the speed 
at which the problem will be felt below the critical speed. 
Maximum unbalance of the driveshaft should be specified so that 
the maximum unbalance force throughout the operating speed 
range will not excite the system. 

The shaft should be designed so that the critical speed of the 
drivetrain is higher than the maximum design operating speed of 
the vehicle. As a guideline. it is suggested that the critical speed 
should be approximately 15% above the vehicle maximum speed 
for driveshafts having an unbalance of 0.50 oz-in or less in pas­
senger car and light-duty truck applications. 

By way of an illustration, consider the hypothetical vehicle that 
was subjected to mode shaping analysis. This analysis was previ­
ously described in this section under Modi! Shb.ping Ti!chniq~. 
Also. it was stated that the drivetrain critical speed was associated 
with the lowest or flnt mode bending resonant frequency. This 
frequency was 76.5 Hz for the vehicle of interest. 

MACHINED HUB- -

+-----

YOKE 

I NERT1A RING 

RING 

fRONT UNIVERSAL 
JOINT 'i. 

Fig. 6 - Slip yoke mounted tuned absori>er 

For this investigation, the following assumptions are made: 
I. The driveshaft unbalance is not exC'essive. 
2. The ralio of [he drives haft s~d to vehicle speed (in high 

gear) is 50 rpm/mph. 
3. The vehicle maximum speed is 120 mph. 
These assumptions suggest that: 
The critical frequency is 76.5 Hz and therefore the critical 

speed is: 

76.5 x 60 

50 
= 92 mph, approximately. 

Since the maximum speed is 120 mph, the vehicle will uperi­
enre vibmtions associated with critieal speed over the speed range 
of about 92- 120 mph. 

Therefore, it is evident thai this vehicle would require a drive­
train rectesign to render it acceptable for critieal speed. Here 
again, the mode shaping technique will afford a solution to the 
problem. 

Inspection of graph I in Fig. 4 would indieate that there are 
discontinuities or sharp breaks at joints or connections between 
drivetrain components. Also f3, the slope angle at B. is somewhat 
greater than 0: at A, or at any other discontinuity. By definition, 
the slope. or the slope angle of the mode shape diagram at a given 
location is actually a measure of tbe stiffness or rigidity at that 
location. Further, lhe greater the slope, the more f1eltible is the 
location. Consequently, it is concluded that , relatively speaking, 
joint B between the converter housing and the transmission case is 
highly f1exible. Hence, this joint must be made stiffer in order to 
raise the critical speed above the vehicle maximum speed. This 
analysis implies that both the converter housing and the transmis­
sion case shou ld be redesigned in order to provide maximum 
rigidity at their connecting joint. An obvious course of action 
would be to eliminate the joint by designing a converter housing 
that is integral with the transmission case. Another alternative 
would be to provide thicker f1anges at the joint and additional 
bolts. and also to adequately gusset the two components in the 
proximity of their connecting joint. 
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Fig. 7 - Untuned internal abSorber with two tubular sections 

Rear Axle Induced Disturbances 

Axle Noise Attenuators 

It was indicated previously that the nature of the axle noise 
problem may be either ton;ional or bending. Actually, axle noise 
may be both a lon;ional and bending problem since the two modes 
are coupled through the rear axle assembly. However, the pri­
mary cause of a specific resonance relates either to the lon;ional or 
bending properties of the drivetrain. Therefore, it is customary to 
identify a resonance as a "torsional" or "bending" problem and 
to identify the corresponding anenualor as "torsional" or' 'bend­
ing" . 

"Torsional" attenuators include tuned absorbers, inertia discs, 
and rubber element tube driveshafts. "Bending" attenuators in­
clude the so-called "untuned" internal absorbers and driveshafts 
with low bending compliance. 

Tuned Absorber-A tuned absorber consists generally of a 
relatively thin elastomer ring mounted concentrically between a 
steel or cast iron inertia ring and a cylindrical section of the 
drivetrain. 1be section thicknesses of typical elastomer rings have 
been in the range of approximately 0.09-0.13 in. while inertia 
ring outside diameters have ranged from 3.50-5.50 in approxi­
mately. 

The absorber may be mounted on the universal joint slip yoke 
hub, driveshaft tube, companion flange hub, or axle housing 
tubes. In typical applications, the slip yoke and companion flange 
require machined hub diameters in order to accept the wned 
absorbers. The slip yoke mounted absorber ring element shown in 
Fig. 6 has a rectangular cross section. The driveshaft is balanced 
with the tuned absorber mounted on the slip yoke. 

Driveshaft and axle housing tube mountings may be either 
ex.temaJ or internal. These designs would require closely control­
led mounting diameters at these locations. The tuned absorber is 
further described in the section on Torsional Dampers. 

Inertia Disc-The inertia disc or flywheel is identical to tbe 
tuned absorber except that it does not incorporate an elastomer 
ring. The disc is either pressed on the machined hub diameter of 
the slip yoke or companion flange , or ca.~ integral with these 
components. 

The inertia disc is seldom mounted on the driveshaft lube or 
axle housing tube. Detuning with inertia discs is effected by 
introducing additions] inertia in the drivetrain system. 

Rubber Element Tube Driveshaft-A typical design of this 
device as shown in Fig. 2 was describod previously. 

Untuned Internal Absorber-Such a device is used primarily 
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to control drivetrain "hending resonances." The absorber as 
shown in Fig. 7 is a typical design composed of two internal 
tubular ring sections. This arrangement is identical to the torsional 
tuned absorber mounted internally on the driveshaft except that 
the elastomer rings are relatively stiffer. Consequently, (he lUning 
frequency of such a device is the range of 650-750 Hz. which is 
above the nonnal 35()"650 Hz frequency range of axle noise. F9r 
that reason, such an absorber is identified as "untuned". 

The function of the elastomer rings is to hold in JX)Sition the 
tubular absorber ring. Sometimes the • 'untuned" internal ab­
sorber does not incorporate any elastomer rings. Then the tubular 
section is press fined within the driveshaft tube. The arrangement 
provides an additional inertia to the system and thereby modifies 
its bending characteristics. The absorber is usually located within 
the driveshafr at positions where "bending" peaks (antinodes) 
have been detennined to be significant. 

Drlvesbaft with Low Bending Compliance-Such a 
drives haft would feature a shorter length, thinner walllUbing, and 
a larger oU[side diameter. However, it is mandatory that the pow­
erplant rigidity is not sacrificed to shorten the driveshaft. This 
design would change the "bending" characteristics of the drive­
train and thereby attenuate axle noise associated with a "bending 
resonance" . 

Therefore it is possible to fmd asufficiently adequate axle noise 
a«enuatoron the basis of carevaluations. However, this approach 
would be impractical and rime consuming for the development of 
the optimum attenuator. For example. a torsional tuned absorber 
must be evaluated first al various ddveUne positions In order 10 

obtain the optimum location. Then further car tests are required to 
detennine the optimum configuration (absorber inertia mass, tun­
ing frequency, and damping factor), Furthermore, if axle noise is 
related to a "bending" problem, it must be ascertained whether 
the "untuned" absorber or a "stiffer" driveshaft is preferable. 
1ben if an "untuned" attenuator is selected, further vehicle leslS 
must be perfonncd to determine the optimum weight and op­
timum locations of the tubular sections. 

However, the lengthy vehicle evaluations may be simulated by 
computer analysis in a much shorter time. Then. only a few 
vehicle tests need be scheduled for verification and final tuning. 

Start-Up Groan Attennator 

This device is similar to a slip yoke mounted torsional tuned 
absorber that has been tuned to the problem frequency in the range 
of l00-150Hz. The section thicknesses of typical elastomer rings 
used in this type of absorber have been in the range of approxi­
mately 0.19-0.28 in. 'The design of the start-up groan attenuator is 
further described in the section on Torsional Dampers. 

Driveline Rnmble Attenuator 

The design of this attenuator is similar to that of the transmis­
sion mounted tuned absorber described previously. However. in 
this application, the absorber is bolted to the rear axle carrier and 
nestled along the driveshaft. It is generally tuned in the frequency 
range of 40-60 Hz. 
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Section 9.4.1 

Rubber Element Tubes 
D. W. Holzinger - Spicer Universal Joint Div. , Dana Corp. 
E. R. Wagner, P.E. - Saginaw Steering Gear Div., GMC 

Introduction 

The driveshaft in a conventional vehicle design . serving as the 
torque transmission device between the primary power source and 
the driven member, can react lo~iona11y in the following three 
ways: 

I . As an exciter of torsional vibrations. 
2. As a transmitter or response mechanism to the disturbances 

from other drivetrain units. 
3. As an isolator when properly tuned to produce a minimum 

U'aOs(er of excitations in critical response I'3IIges. 
The rubber element tube is a torsionally resilient device incor­

porated in the driveshaft to accomplish isolation of these effects. 
Basically it consists of an inner rube and an outer tube joined by 
the torsionally resilient rubber element as shown in Fig. I in a 
typical construction. The transmission of torque is through this 
rubber element, which serves to attenuate disturbances by provid­
ing resistance to or by braking the "noise path". 

As a torsionally resilient spring located between driving and 
driven mass inertias, the rubber element tube, by design, can be 
used to tune the effects of torsional resonances and dampen the 
effects of energy transfer such as: 

I. Peale torque loads delivered by engine misfiring. 
2. High kinetic energy torque loads resulting from instantane­

ous stoppage of a mass. 
3. Torque loads resulting from starting to tum a high inertia 

load. 
Rubber element tubes in their various design fOJllls are gener­

ally used in conjunction with compatible universal joints and 
other driveshaft comp:ments to provide a torsionally resilient 
torque transmitting device between a driving and driven member. 
The rubber element tube. as part of the torque transmitting system 
or driveshaft. offen the following desirable features: 

1_ It C31'l be designed to oscillate rhro~gh relatively large 
amplitudes. 

2. When positioned between universal joint centers. it must 
transmit only torque and the remaining oscillations without 
having to flex through high frequency angular misalign­
ment such as required by typical flexible couplings. 

3. With its location between universal joints, it is generally 
positioned away from the sources of high temperatures and 
the driveshaft attachment problems at each end. 

4. With reasonable size proportions, it can usually be designed 
with an adequately low stress level for relatively long life. 

!be disadvantages of a driveline incorporating a rubber ele­
ment tube are as follows: 

1. Increased cost. 
2. Increased weight. 

RING RUBBER ELEMENT 

FREE TH ICKNESS I 
l~ 

Fig. 1 - Compressed elastomeric ring. rubbet element tube 
construction in a paraJlelloadill9 arra.ogement 

3: A problem in dynamic balancing may occur if the length of 
the rubber element used is relatively short. 

4. The danger of an improper installation where the torsional 
resonance is brought down within the operating speed 
range. The resonant frequency eould be well above the 
operating range without the resilient member or when using 
a conventional plain tubular driveshaft. 

Rubber Element Tube Constructions 

Depending on the application requirement, the rubber element 
tube can be designed in various consfnlctions in order to ac­
complish its intended purpose. Generally, these constructions are 
either the compressed multiple elastomeric ring or the molded 
elastomeric section designs using round tubing. Another con­
struction which is used is a square tubular design incorporating 
compressed cylindrical elastomeric rollers . 

Fig_ 1 il1lL';.trates a typical ring type rubber element ttJ~ where 

the "rings are in a parallel torsional spring loading arrangement. 
This basic design consi'its of two concentric steel tubes with a 
number of elastorneric rings compressed between tbe tubes. !be 
rings are usually bonded by an epoxy type of adhesive or some· 
times molded to a generally shorter inner tube and held by friction 
resulting from the compressive fit with the outer tube. The 
number of rings required depends on the maximum transmitted 
torque in conjunction with a length necessary to provide adequate 
transverse stiffness and a minimwn effect on critical speed and 
dynamic balance. The elastomeric ring sections provide. within 
practical limits, a means to adjust the torsional spring rate of the 
rubber element tube, as well as a degree of damping. This type of 
rubber element tube. being relatively stiff in torsion, is usually 
used in high speed applications such as passenger car drivelines. 
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Fig. 2-Compressed eiastomeric ring. rubber element tube 
construction in a combined parallel-series loading arrange­
me'" 

\
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"" ............... , ........................................................................................................... .... 
If a relatively softer torsional rate is desired, the ring type rubber 
element tube can be designed in a combined parallel-series tor­
sional spring loading arrangement as shown in Fig. 2. This typical 
design is commonly referred to as a double ended rubber elemen! --'--
t be Ag. 3 - Molded elaslomeric section, rubber e!oment tube 
U . construction 

The molded elastomeric section type of rubber element tube 
can be designed in various constru~lions. Fig. 3 illustrates such a 
typicaJ construction where the molded rubber section isemployed 
between an inner lube and a two, or multiple piece segmented 
outer tube. Shrinking stresses caused by cooling of the bonded 
elastomer are relieved by using the split shell outer tube design. 
The molded assembly is then pressed into a solid Qulertube which 
serves as a housing . The resulting reduction of the outer diameter 
places the rubber in compression . This type of construction pro­
vides a greater degree of flexibility in spring mle adjustmenlS for a 
particular application. II is generally used in low speed applica­
tions which produce large amplitudes or vibl1ltions requiring a 
relatively softer cushion or spring rate. The molded end contour 
of the elastomeric section is usually scaJloped in an ellipticaJ 
concave shape to pennil flexing and windup of the rubber, with· 
out destroying the bond between the inner and split shell outer 
tube. 

The size of a rubber elemen! tube increases as the spring rate 
and torque requirements increase. With an increase in size pro­
ponions, the complexity of the design also increases. Fig. '4 
shows such a more complex design. which also employs the 
molded elastomeric section construction . Because of the addi­
tionaJ weighl, typical bronze plain bearings are added to effec-
tively centralize the rubber element assembly for balance pur-
poses. Provisions for lubrication and sealing of the plain bearings 
are also incorporated . Lubrication of these plain bearings is re­
quired to minimize wear and the detrimental effeclS of heat 
generated by oscillation of the rubber element. This design is 
generally used in an application where the driveshaft is connected 
directly between the driving and driven mass inertias without an 
intermediate fonn of torsional damper. 

Rubber element tubes, which are extremely soft and provide a 
relatively high degree of torsionaJ windup, usually require an 
integral angulation stop. A typical design of this type is illustrated 
in Fig. 5. TIle metallic angulation SlOp in this design IimilS the 
torsional windup to an angle which will not shear and tear the 
molded rubber. 

The square tubular construction with compressed cylindrical 
elastomeric rollers is comprised of two square, cross-section tubu­
lar members, one within the other, or an outer square tube and an 
inner square bar shaft. A rypicaJ design is shown in Fig. 6 in a 

FIQ. 4 - Molded eJastomenc section, rubber element tube 
construction with plain supporting bearings 

sectional view. The sides of each square member are al45 deg to 
those of the other, and a rubber roller of suitable diamet:ral size 
and length is located in each of the four triangular shaped spaces 
fonned between the two coaxial memben;. The rubber rollers are 
most commonly assembled by being initially frozen and then 
positioned in these triangular shaped spaces. Upon thawing, these 
roUer.> increase in size and are placed under compression. 

When torque is applied, the rollers roll and are simultaneously 
defonned. A characteristic of this rubber clement tube design is 
that it provides a progressive increase of the spring rate as the 
torque load mereases. It is generally used in low speed applica­
tions. 

This design will not be discussed further in the remainder of 
this section on Rubber Elemenl Tubes. Only the compressed ring 
and the molded rubber element lUbe constru<::tions will be de· 
scribed in more detail. 
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Fig. 5 - Molded elastom9ric section, rubber element tube 
constructioo with integral angulation stop 

RUBBER ROLLER 

Fig. 6- Squaretubular rubberslament, tube construction with 
compressed cylindrical elastomeric rollers 

PARALLEL LOADED TORSIONAL SPRING 

SERIES LOADED TORSIONAL SPRING 

Fig. 7 - Rubber torsional spring arrangements 
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FIg. 8 - Rubber torsional spring relationships under toad 

Design 

Basic Parameters 

The design of rubber element tubes is governed by the follow-
ing basic parameters: 

1. Application usage 
2. Transmitted torque and speed 
3. Compatibility of universal joint and drivcshaft size with the 

transmitted torque and speed 
4. Required torsional spring rate 
5. Adequate fatigue life 
6. Required axial thrust resistance 

Elastomerlc Torsional Spring Arrangements 

The application of a rubber clement tube fWlgC:J from a noise 
attenuating device or damper in its simplest form, to a specially 
designed torsional elastic spring in its more sophisticated form.. 
Regardless of its application intenl. the end result with a comple­
ment of rubber between an inner and outer tube, produces a 
torsional spring. As shown in Fig. 7, this torsional spring can be 
designed basically in either a parallel or in a series loading 
arrangement, depending on the application requiremem. In addi­
tion, a torsional spring can also be designed in a combination of 
these two runmgements. In the parallel torsional spring system, 
the resultant torsional spring rate is: 

where: 

kI' k2andk" = Individual elastomer section torsionaJ spring 
rates, Ib-in ldeg or Ib-inlrad 

In the series torsional spring system, the resultant torsional 
spring rate is: 

kR ~ __ --.0 __ _ 

I - +- + .... +-
kl k2 k" 

Elastomeric Torsional Spring Analysis 

The basic analyticaJ design characteristics for a cylindrical, 
elastomeric torsional spring can be developed. Fig. 8 illustrates 
such a typical rubber spring deflected by a torsional load applied 
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about its axis. The torsional load distorts the elastomer in shear. 
When the length of the rubberL is constant, the shear stress at any 

radius r is: 

where: 

S. = Shear stress at radius r. psi 

T = Torque, lb-in 

r = Any radius. in 

L = Length of elastomer. in 

The maximum shear stress will occur at the inner radius afthe 
rubber section where r = r; and is: 

T 

TIle entire elastomeric section can be considered as a continu­
ous shear sandwich without ends and being composed of thin 
elemental, cylindrical rings of thickness dc. As the radial thick­
ness of an elemental ring is reduced, the curvature becomes 
negligible when measured in lenns of the thickness dr, and the 
similarity to a flat sandwich becomes increasingly apparent. 
There is no evidence that any such cylindrical ring has any 
knowledge of, or is influenced by. adjacent e lemental rings. Each 
thin cylinder behaves as lhough it were the only elastomeric 
section involved. 

For the isolated e lement shown in Fig. 8, the relative angular 
deflection contributed by Ihe elemental ring for small deflections 
dO is: 

de = d, tan 1> 
, 

Also, Ihe small angle cf, delemlilles the: disturtiun of the: element 

and is called the shearing strain. Tnis shearing strain is propor· 
tional to the shear stress and inversely proportional to the modulus 
of rigidity or shear modulus as follows: 

~::: ~ = T 
G 2 7r r'LG 

where: 

G = Shear modulus of rubber, psi 

Then by substitution: 

dO = !tan , 
A tangent function can be expressed as a series solution as 

follows: 

Tan X ~ [ X 
X' 

+- + 
3 

2X' -+ 
15 1 

Since this series converges rapidly, a reasonable approxima­
tion can be made by using the ftrSt term only. Using this 
simplified solution, the angular deflection or lorsional windup is: 

dO 
Td, 

2 7r ,""LG 

T 

27r LG 

T 
[ 2:? - 2r~~ ] 21T LG 

where: 

(} = Angular deflection, rad 

r( = Inner radius of rubber, in 

ro '"" Outer radius of rubber, in 

The torsional spring rate in Ib-in/rad per radian is: 

T 

o 
= 4 11" LGrJ'"ro 2 

roz - TI2 

In order to apply the previous equations, design values must be 
established for the shear stress and shear modulus. Maximum 
shear stress values in the elastomeric torsional spring can be 
detcllTlined by analyzing its dynamic and static capacity relative 
to the torque to be transmitted in the intended application. 

Torsional lAlading Characteristics 

Type A Application~ - In applications where [he rubber 
element tube is used in a driveshaft between the primary power 
source and a driven member, the maximum continuous torque 
output oflhe power source is generally used as the design parame­
ter for determining the rubber element tube capacity. This proce­
dure assumes that continuous operation at torsional resonance can 
be avoided. The system is usually tuned below the idling and 
above the cranking speed of the engine. In installations where 
torsional resonance occurs above the operating range, a conven­
tional tubular driveshaft may suit the application since a higher 
spring rate would be needed for tuning the system above the 
operating range. 

Type B Applicati(.)lls - The rubber element rube can also be 
used in applications where it is subjected to torque multiplication 
of the power source, such as in a driveshaft located between the 
transmission and rear axle of a typical vehicle. The maximum 
computed torque is considered to be the maximum installed net 
engine. torque multiplied by the tr.msmission lowest (highest 
numerical) gear ratio, and the tr.mmtission efficiency factor. If 
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the vehicle is equipped with a torque convener driven transmis­
sion. the torque multiplication due to the convener must also be 
included . 

In addition. shock loads of significantly higher value can be 
imposed on the driveshaft depending on the type of application. 
Maximum torsional loads which can be developed by various 
loading modes in a driveshaft are discussed in the chapter on 
Basic Driveline Requiremenrs. Since the driveshaft must be capa­
ble of safely transmitting the maximum applied torque, appro­
priate shock factors must be used in determining the ultimate 
strength design capability of the rubber element tube. 

For a given application, a rubber element tube design must 
have adequate fatigue life . To determine minimum fatigue 
strength, a multiplied torque value is usually used which is 
representative of the tractive effort or wheel slip torque in the 
application. The severity of a particular application will deter­
mine the actual torsional load level to be used in eva1uating the 
fatigue life characteristics of a proposed rubber element tube. 

Operating Speed 

The required maximum operating speed of the driveshaft will 
also affect the design of the rubber element tube. As previously 
described. the maximum operating speed Catl detennine whether 
the molded elastomeric, or the compressed multiple elastomeric 
ring, rubber element tube may be used. In genera), the molded 
elastomeric section design is limited to the relatively loweroperat­
ing speed ranges. For relatively high speed applications, such as 
passenger car drivelines, the compressed multiple elastomeric 
ring design is usually required because it Catl provide the neces­
sary transverse stiffness when located near the driveshaft end. 
This transverse stiffness prexiuee5 a minimum effect on criticaJ 
speed and pennits dynamic balancing of a shaft which is required 
for relatively high speed applications. 

In comparison with a conventionaJ tubular driveshaft for a 
panicular vehicle application, the critical speed of a rubber ele­
ment tube design will be rW.uced because of its nonhomogeneous 
section characteristics. This critical speed can be determined by 
laboratory test or by computer anaJysis. In passenger car applica­
tions, the reduction in critical speed has been in the approximate 
range of 1()()"200 rpm for typical one piece, rubber element lube 
driveshafts which were required to perform within the same clear­
ance envelopes as conventional driveshafts. 

For typical steel driveshaft tubing, a modulus of elasticity of29 
000 000 psi and a density of 0.283 ItWin' have generally been used 
in critical speed computations. For rubber, however, these 
characteristics will vary considerably depending on the specifIC 
elastomer being employed. For example, for small defonnations 
the modulus of elasticity oftypica1 natural rubber varies from 150 
psi at 30 Shore A durometer hardness to SOO psi at 70 Shore A 
durometer. The density of natura1 rubber ranges from 0.037IbJin' 
at 30 durometer to 0.047 lb/in3 at 70 durometer. At 300% elonga­
tion, the modulus of elasticity of natural rubber varies from ap­
proximately 7()()"2200 psi in the 50-70 durometer range. The 
modulus of elasticity achieved in an elastomer is dependent not 

only on comp:)uDding characleristics, but also on otherconsidera­
lions sllCh as stress and temperature. 

These values for density and the latter values for modulus of 
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elasticity have been used with satisfactory results in detennining 
the critical speed of ring type rubber element tube driveshafts with 
a computer. When using the widely accepted computation 
methods stated in the chapler on Crilil.'ai Speed, it has been found 
that the relatively large variations in density and modulus of 
elasticity of the elastomer have little effect on the critical speed. 

Inner and Outer Tube Sizes and Wall Thicknesses 

The outside diameters and wall thicknesses of the inner and 
outer tubes are based on the required application parameters as 
well as on compatibility with the universal joint size employed. 
Initially , an inner tube of a given outside diameter and wa11 
thickness is selected which will safely transmit the maximum 
applied torque for the applicat ion and also penni! its attachment to 
the universal joint size used . In general, components of a given 
universal joint size, such as typical Cardan joint weld or tube 
yokes are available for attachment to tubes of different sizes and 
wall thicknesses. 

TIle outer tube size and waJl thickness selection is based not 
only on torque capacity and universal joint size compatibility, but 
also on a satisfactory critical speed level which will permit the 
driveshaft to perfonn safely at its intended maximum operating 
speed. In addition, the annular space between the inner and outer 
tubes and its length must be sufficient to permit the incorporation 
of a rubber element which will meet the required application 
parameters. 

The dimensional tolerances associated with conventional 
driveshaft quality welded steel tubing are usually used in rubber 
element tubes. Typical tolerances for the more commonly 
employed tube sizes are shown in the chapter on Tubing . For the 
ring-type rubber element tubes, the outside diameter of the inner 
tube and the inside diameter of the outer tube, as well as lube 
ovality, are quite critical in achieving proper assembly fits, rubber 
compression, and the resulting torsional spring rate. 

AUowable Shear Stresses 

For a given application, the selection or requirement of either 
the molded elastomeric section or the compressed multiple elas· 
tomeric ring construction will detennine the permissible stress 
level which can be used in designing the rubber element tube. 
Laboratory tests have shown that the bond strength at the inner 
radius is the critica1 design stress limitation of a rubber element 
tube. For design computations, allowable stress levels have been 
detennined which pennit an adequate fatigue life, as well as the 
necessary ullimate torsional strength. 

Molded Rubber Element Constructions - A typical shear 
stress ranging from 100·150 psi at the maximum applied torque is 
generally employed in the design computations for molded rubber 
element tubes that are used for the previously described type A 
applications. lbis stress level is applied at the outer surface of the 

innertube and has provided adequate fatigue life for those applica· 
tions having relatively moderate torque, low speeds, and large 
amplitudes of vibrations. 

CompreS5led R.ing Rubber Eiement Constructions - A 
typical shear/compression stress ranging from 450-500 psi at the 
maximum applied torque is generaUy employed in the design 
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computations for the ring type rubber element tubes that are used 
for the previously described type B applications. This higher 
stress level at the outer surface of the inner lube is permissible due 

4 0 0 n I. 
0 to the compression of che elastomeric rings between the inner and ~ 30 

outer tubes. For example, in order to transmit the maximum II) 

applied torque without slip between the rings and the outer tube, ~ 

and operate al the relatively high rotational speeds found in ~ 
passenger car drivelines, the compression is usually in the range n: 

200 

-.............. ~ ~I 1 -20 6 SEC ' 
LOAO PATTERN 

~ of 40-49%. ~ 

In addition, vehicledriveshafts must be capable of compensat­
ing for variations in length due to suspension tmvel . TItis length 
change is generally accomplished with sliding or slip splines. 
When this end movement occurs during high torsional load appli­
cations on the drives haft, the resulting axiaJ thrust forces pro­
duced by the slip spline may be relatively high . These thrust 
forces must be resisted by the rubber element design and hence the 
compression of the elastomer must be sufficient to prevent slip­
ping between the rings and the outer tube. 

Depending on the specific requirements, oUter applications 
may permit a lower compression level of the elastomer and 
provide satisfactol')' function and durability . Also, the geometric 
proportions of the rubber element design necessary in certain 
applkations, can influence the optimum compression level to be 
employed. TIlls percent compression can be computed as follows 
by referring to Fig. I : 

% 
~ 

100 

0 
10 
, 

10 • 10' 10' 
LlfE , CYCLE.S 

Fig. 9 - 8-N ruNe for rubber element tuba 

Torsional Load Pattern - The shape of the load-time cycle 
affects the overall life of u.e rubber element tube . Maximum 
fatigue life is obtained with low frequency load and unload 
cycles. 

In a fatigue test for a conventional driveshaft tube, the fully 
reversed torsional load cycle is corrunonly employed. nus type of 
loading characteristic is undesirable for a rubber element tube. 
When a rubber element tube is (Wisted with a torsional load and 
then unloaded, not all of the stored energy is released. nus 

Percent 
compression ( 

~ elas.tomer Comp~ .elastomer ) unrecove~ ene~ is lost as heat ~ause .ofthe hySleresiseffecl. 
_ section thICkness - section thiCkness 00 Also, dunng the time that the load IS applied, creep occurs in the 

Free elastomer I elastomer and increases with tcmpentW'e. Also, most ofw creep 
section thickness occurs shonly after application of the load . If the rubber element 

The percent compression used should be suffICient within prac­
tical limits to prevent slipping of the outer tube relative 10 the rings 
when the rubber element tube is operating under varying en­
vironmental conditions encountered in a particular application. 

Fatigue Life 

1be rubber element tube must be capable of functioning satis­
factorily in an application for its expected service life . It is 
possible to estimate its fatigue life at various stress levels with an 
SoN curve developed from life test data. Fig. 9 illustrates such an 
approximate load-life curve for a typk:a1 rubber element tube. The 
actual k>ad-llfe relationship can vary considerably because of the 
following variables. 

Frequency or Torsional Load - If the torsional load cycles 
are applied at a relatively high frequency, the temperature will 
increase due to the h.ysteresis characteristics of the elastomer with 
a resulting loss in fatigue life. Hence, the load cycles are generally 
slowed down in a test to keep the temperature rise at reasonably 
low levels. The time element is quite important in the application 
of the load and in the recovery of the rubber from, the effect of the 
loading. The load cycle ftequency employed depends on the 
design characteristics of a given rubber element tube and the 
application requirements . Load cycle frequencies in the typical 
range of 3-10 cpm have been used with satisfactory results. 

tube is allowed to remain unloaded, it will gradually recover from 
a portion of this displacement. The unrecovered creep is referred 
10 as pennanent set. 

In order to determine whether slipping or permanent set oct:utS 

in the rubberelcmcnt tube, the torsional loading cycle is generally 
performed by applying the major load in the forward drive direc­
tion and then unloading by applying a relatively small load in the 
reverse direction. As shown in Fig. 9, this load pattern approxi­
mates a square load wave in both directions of rotation. lbe loads 
are usually applied for the: same period of time in both directions. 
The load-time cycle employed depends on the design characteris­
tics of a given rubber element lUbe and the application require­
ments. Load patterns consisting of 100% load in the forward 
direction and typically 15-20% in the reverse direction have beell 
used with satisfactory results. 

Rubbtr Properties - ]be hardness and StIength of the elas· 
tometic material, its bond strength at the point of maximum 
stress, and the amount of damping, all have an effect on the 
fatigue life of a rubber element lUbe. Rubber materials with 
comparatively low hysteresis and creep characteristics are desira· 
ble. 

Shear Modulus 

It was previously shown in the analysis of an elastomeric 
torsional spring that the shear modulus is a function of the shear· 
ing strain which occurs when the elastomer is distorted in shear. 
Typical values of shear modulus for rubber have beenobtained by 
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Fig. 10 - Shear modulus characteristics for molded rubber 
element tubes 
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Fig. 11 - Shear modulus Characteristics for compressed ring 
rubber element tubes 

empirical means and theycan vary considerably depending on the 
physical properties of the elastomer. These sbeacmodulus values 
are quite useful for preliminary computations where il is neces­
sary to estimate the torsional spring rate of a proposed rubber 
element tube design. 

Experimentally derived data has shown that the shear modulus 
increases with increasing durometer hardnesses of the elastomer. 
Thus, when changing the duromecer hardness of a given rubber 
element rube, the torsional rate is approximately proportional to 
the ratio of the shear'moduli CQITCSpOnding to the two durometers. 
The abilil)' to change the elastic characteristics of rubber without 
altering the dimensions of the component is of gyeat value in 
tuning a proposed design for aD application. 

Fig. 10 shows the reJationship between the durometer and 
typical static and dynanUc shear moduli for molded rubber eie· 
men! tubes, while Fig. 11 shows a similar relationship for com· 
Pfeiise:d ring, rubber element tubes. Due to the inhen:nt eb3l3C­
teristics of an elastomer, the dynamic shear modulus is greater 
than the static modulus and, therefore, the dynamic tonlional rate 
of a rubber spring is higher than its static rate. In addition, the ratio 
of the dynamic to the static shear modulus shows a progressive 
increase with an inaeasc in rubber hardness. This progressive 
increase of the static to dynamic modulus ratio is more pr0-

nounced for ring type thao for molded rubber element tubes. The 
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primary importance of the dynamic shear modulus in computa­
tions is to establish the naturaJ frequency of the rubber element 
tube design. With respect to static shear modulus, a value of less 
than 54 psi (approximately), is generally not reconunended for 
molded rubber torsional springs. 

TorsioDal Spring Rate 

1be rubber element tube is a torsionally elastic spring, specially 
designed for a given application. In a simple cylindrical torsion 
spring such as illustrated in Fig. 7, the spring rnte is di.rect.ly 
proportional to the rubber length and its sheac modulus. 

As previously described. the rubber element tube can be de· 
signed either in a compressed multiple claslomerie ring, or in a 
molded elastomeric section consttUction. Further, the rubber 
element tube can alsobedesigned, ifdesired , in cithera parallel or 
a series torsional spring loading arrangement, or in a combination 
of these two arrangements. 1llerefore, various spring rate pas· 
sibilities can be obtained with these consttUctions and loading 
ammgements, and their usage depends on the basic driveshaft 
parametenl specified for an application. 

When the parallel loading arrangement is employed in a rubber 
element tube. as shown in Fig. I , the spring rate is directly 
propon.ional to the effective length of the rubber. Hence, when 
comparing two ring rype rubber element tubes, for example, 
which are identical in design except for the nwnber of equal size 
rings used in a paraJlelloading arrangement , the rate of these two 
torsional springs varies directly with the ratio of the number of 
rings . 

Also when the duromeler hardness of the elastomer is in­
creased'in any given rubber element, the spring rate is increased. 
When changing the rubber hardness from one durometer value to 
another in a typical design. the rate is proportionaJ to the shear 
moduli corresponding to these two durometer vaJues. 

Jting type rubber element driveshafts have been generally used 
in cenain passenger car applications where increased torsional 
flexibility was desired over that attainable with a conventional 
tubular shaft. By using the commonly eRlployed para1lelloading 
anangement in the rubber e lement rube design of onc-piece 
drivesha(lS, for example. typical tor.>ional rates in the relatively 
wide range of 4O-1151b-ftldeg have been used with satisfactory 
results in Americail cars. nus torsionaJ rate range has been 
achieved by utilWng a minimum of two, to as many as approxi· 
mately eight rings . The actual number of rings used in a given 
rubber element tube design is detennined no( only by the desired 
tORiana! flexibility. but also by the variOlJS other required applica­
tion paramet.eB for the dri.veshaft. 

By comparison, the tor.;iooal rates of typical one piece conven· 
tional tubulardrlveshafts for pas.sengercars have been i~ the range 
of 12Q..200 Ib-ft/deg. This relatively wide range of torsiOnal rates 
results not only from the various diameterS, wall thiclcnesses, and 
lengths of tubing employed or required. but also from the type of 
universal joint design used at each end. 

When lower tOnlional rates have been teQuired in passenger car 
rubber element tube driveshafts than those obtainable with the 
common parallel loading arrangement, the combined par1llel· 
series loading arrangement used in the double ended rubber 
elemen! rube design shown in Fig. 2 has provided rates as low as 
approximately 10 Ib-ftldeg. This paralleJ.series loading arrange-
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menl results in increased torsional flexibility, but with a reduced 
lorsionalload capacity for [he driveshaft, and has been generally 
employed in relatively small size and lower powered European 

'''"'. Usually two nngs are used at each end in a parallel loading 
arrangement, as shown in Fig. 2. to provide the necessary trans­
verse stiffness. These parallel loaded springs are connected to 
each odler in a series loading arrangement and, hence, produce a 
total ton;ional spring rate which is less than either of the parallel 
loaded sections. 

Mal<!rial Selection 

The selection of optimum materials for the cubberelemenl tube 
is based on ultimate strength, fatigue strength, torsional resili­
ence, and other functional and durabilily requirements for an 
application, as well as economical processing advantages. 

Elastomer 

Because of -its desirable inherent properties. naluraJ rubber is 
generally the preferred elastomeric material for the rubber ele­
ment. However, certain synthetic rubbers can be used when they 
are properly compounded to provide properties similar to natural 
rubber. Also, these synthetic e lastomers can be compounded to 
provide special properties to meet the requirements of a specific 
application. For example, certain environmental conditiuns may 
prohibit the use of natural rubber. 

Natural rubber with its relatively low internal hysteresis pro­
vides an adequate hardness range as well as ex.cellent tensile 
strength, elongation. vulcanizing properties. adhesion to metals, 
hot and cold rebound ability. and good compression set. In 
addition, natural rubber provides excellent resistance to abrasion 
and creep and good resistance to tearing, heat, and heat aging. 

The compounding of elastomeric materials used in rubber ele­
ment tubes is usually done in order to develop specific physical 
properties, such as hardness. and to permit its processing in man­
ufacturing equipment. This material hardness is generally in the 
typical range of 40-70 Shore A durometer. A practical tolerance 
of plus or minus five points on the duromeler hardness require­
ment is usually allowed for compounding batch variations. Since 
the hardness is a gage of tile rubber stiffness, its value is extremely 
important in achieving the torsional windup or spring rate desired 
in a given design. 

Methods commonly used for checking rubber hardness have 
often been very inaccurate. It has been common to find a lack of 
agreement by as much as five points on the same elastomer sam­
ple by various individuals using different durometers. Unfortu­
nately. a five point variation in hardness can be equivalent to 
15-20% in actua1 stiffness of the rubber as measured in a compres­
sion deflection test. Consequently, a variation in the actual tor­
sional spring rate oftbe rubber element tube will result. In order to 
prevent an ex.cessive and undesirable variation in the spring rate of 
ring type rubber element tubes used in passenger cars, for exam­
ple, the tolerance on the durometer requirement has boen gener­
ally held to a typical plus or minus three points. 

Tubing 

In general, the inner and outer tubular members of the rubber 
element tube are made of typical driveshaft quality welded steel 
tubing. This tubing, which is described in detail in the chapter on 
Tubing. is made from cold rolled. plain. low carron sheet or strip 
stock suitable for welding and has a typical hardness range of Rb 
80-95. 

The outer tube hardness of the ring type rubber element tube is 
particularly critical. A low hardness will cause the outer tube to 
yield over each ring during assembly. This yielding is especially 
noticeable after the tube has been pressed up for a period of time. 
Yielding of the outer tube due to this "push-up" will result in 
failure of the assembly to meet the ultimate torque requirement. 

Processing and Assembly Procedures 

Depending on the application requirements, the rubberelement 
tube can be either a typical compressed multiple elastomeric ring, 
or a typical molded elastomeric section design. Certain rubber 
element tube components. because of their construction or design 
characteristics, are in most cases purchased from molded rubber 
product manufacturers. In the molded elastomeric section design, 
the rubber is molded to a specific geometric shape between an 
inner and an outer tube. In the commonly used ring type rubber 
element tube, the driveshaft manufacturer may purchase only the 
elastomeric rings and then assemble the rubbcrciclllcilt lube in its 
entirety, or the inner tube with the anached rings may be pur­
chased. In generaJ, these rings are bonded in place on the tube 
outer surface with adhesive or they are sometimes molded o r 
vulcanized in place. This multiple ring and inner tube member is 
then assembled by "press-up" or "push-up" into an outer tube to 
fonn the rubber element tube. Since the ring type rubber element 
tube with bonded natural rubber rings is most commonly used, its 
processing, assembly, testing. and quality conrrol monitoring 
procedures are described in greater detail. 

A thermosetting adhesive, which is usually an epox.y base type. 
is used to bond the rubber rings to the inner tube outer surface so 
that the rings remain in position while the inner member is assem­
bled by push-up into the concentric outer tube. The adhesive must 
be capable of meeting the torsional strength requirement of 
the intended application over a typical temperature range of 
-40- +19O"F. 

In order to provide a bonded rubber ring and inner rube member 
which will pennit the rubber element tube to meet the application 
requirements. the mating surfaces should be properly designed 
and certain processing or cleaning procedures must be employed 
so that these surfaces are free of all detrimental contamination. In 
the case of the rubber rings, the. molded surface which is to be 
bonded should be of such a design and surface tex.ture to insure a 
thin, even adhesive film between the rubber and the tube. Because 
intimate contact of the mating surfaces is essential dl.lring the 
curing period. the inside diameter of the rubber rings must be 
sufficiently undersize so that no movement will occurdl.lring cure 
of the adhesive. If the adhesive is to be cured. at ambient tempera­
ture. a typical interference fit of 0.010-0.020 in has been 
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adequate, while an approximate 0.050 in interference fil has been 
satisfactory in providing for thermal expansion of the rubber dur­
ing an oven cure process. 

Since the bonding surface of rubber rings must be completely 
free of all contamination such as dust , dirt , oil, mold release 
agent, and so forth, the rings are generally cleaned and prepared 
for adhesive bonding by a chlorination process. The bonding 
surface of the inner tube must also be free of contamination such 
as dust, dirt, oil, grease, and so forth. Typical processing proce­
dures which can prepare a satisfactory metal surface for adhesive 
bonding are sand or shot-blasting, alk.aline or chlorothene de­
greasing, and phosphatizing. 

The adhesive is applied in a thin and even coat of approxi­
mately 0.002-0.005 in lhickness to the cleaned tube surface. The 
cleaned rubber rings are then placed in position on the tube. This 
assembly procedure is done in such a manner that no adhesive is 
wiped from its position on the tube and that intimate contact of the 
mating surfaces is ensured. The adhesive may be cured either in a 
typical ambient temperature range of 60-1 ocrF for 24 h, or oven 
cured at a typical temperature of 255"F for one h. The ultimate 
strength of the bond is reached upon completion of either curing 
procedure. 

In general, the as molded oUlside diameters of the rubber rings 
are used when the bonded mUltiple ring and inner tube member is 
assembled in the outer tube. Sometimes the ring outside diameters 
are ground 10 reduce eccentricity between the ring outer surface 
and the inside diameter of the inner tube. The effect of this 
eccentricity in the inner bonded assembly is amplified when the 
outer tube is assembled and may result in driveshaft baJancing 
problems. The grinding procedure also permits some degree of 
correction so that the rubber element tube will meet the torsional 
spring rate requirement. In addition, the grinding process can be 
used to remove the mold release agent and flash rubber from the 
ring outside diameters when the rings are molded to the inner 
tube, The grinding of the ring outside diameters. however, can be 
delrimelltal in that the rubber clement tube may not meet the 
ultimate torque and axiaJ thrust load requirements of an 
application. 

The outer tube must have the ends chamfered or debuned on 
the inside diameter to aid; in entry of the rubber rings. Also. prior 
to the push-up operation where the outer tube is pressed over the 
multiple ring and inner tube assembly, the inner surface of the 
outer tube is cleaned in the area which will contact the 'rubber 
rings. Usually, a typical washing process provides an adequately 
clean surface. 

The assembly procedure of ring type rubber element tubes is 
generally accomplished with a typical horizontal hydraulic press. 
The outer tube is reslricted from moving endwise by suitable 
flXtwes. On the end where the multiple ring and inner tube 
member is 10 be inserted, a funnel or guide flXture with a tapered 
inner surface is positioned concentric with the outer tube. The 
large eod of this tapered surface will accommodate the entry of the 
rubber rings. The conical taper guides, and gradually compresses 
the rubber rings to a diameter which is slightly smaller than the 
inside diameter of the outer tube. 

To aid in the push-up operation, the multiple ring and inner 
tube assembly is usually roUed over a felt pad which is saturated 
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with a special process lubricant. This procedure lubricates the 
outer surface of the rings with a film of lubricant which is a 
mineraJ oil of relatively low viscosity such as SAE lOW with 
special additives. Because of their detrimental effects, ordinary 
lubricating oils are never used to facilitate the assembly proce­
dure. 

During the push-up procedure, the film of lubricating oil 
oxidizes due to friction and/or heat from compressed air, or'it is 
wiped off the relatively smooth molded outer surface of the rings . 
When the outside diameters of the rings are ground as previously 
described, small amounts of lubricant may become trapped in the 
roughened outer surfaces during press-up. The presence of this 
lubricant can result in the rubber element tube nOl being able to 
meet its functional design requirements. 

In the push-up procedure, a hydraulic ram with a suitable nose 
piece forces the inner tube assembly through the funnel and into 
the outer tube for a controlled distance. Because of the compres­
sion imposed on the rubber rings, they are distorted and hence the 
inner tube requires an "over,push ". The ram is then retracted and 
another ram moves into the outer lube from the opposite direction 
and back pushes or back presses the inner tube so that the rubber is 
in a neutral position. This "back-up" operation avoids a telescop­
ing effect of the rubber element tube since the stretching of the 
elastomer is eliminated. Rubberelement tubes which are not back 
pushed can be expected to "grow" in overall length by approxi­
mately 0.19 in within 12 h after push-up. It is rarely possible to 
re-push a rubber element tube to a new length unless it is done 
immediately after the initial pUSh-up operation. 

Testing and Quality Control Monitoring 
Procedures 

Because of the inherent characteristics of ring type rubber 
element tubes, certain testing and quality control monitoring 
procedures are necessary. These procedures are performed to 
initially substantiate or qualify design computations relative to 
torsional spring rate, load capacity, and fatigue life. Then during 
manufacturing, these design parameters must be audited and 
maintained with quality control monitoring procedures. 

The static torsional spring rate and loaQ.. capacity tests are 
perfonned in a typical torsion test machine. For a given rubber 
element tube driveshaft, the static spring rate is generally 
specified as an angular deflection range at a given torsional load 
for practical reasons. Usually. the procedure is to initially preload 
the driveshaft with a relatively low torsional load. Then the given 
torque load is generally applied and released three times at a 
relatively slow constant loading and unloading rate. The time 
element is important in the application of stress and in the recov­
ery of the rubber spring from the effect of stressing. 

The angular windup at the given torque load is recorded for the 
third load application and must be within the angular deflection 
range specified for that torsional load. less the permanentset. Fig. 
12 illustrates a typical torsional load versus angular deflection 
curve for a static torsional rate test performed on a rubber element 
lUbe drivesbaft.. TIle three load and unload cycles show the 
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Fig. 12 - Rubber element tube, static torsional rate test 

hysteresis characteristics of a typical rubber spring. The area 
enclosed in each loop represents the energy lost through hysteresis 
and also is a measure of tile elastomer's damping characteristic. It 
can be seen that for the same torsional load, the unJoading strains 
do not equal the loading strains. The creep that is thus indicated 
would become smaller if the rubber had been given time to 
rtCOver. The unrecovered creep is referred to as pennanent set. 

Fig. 13 shows a typical torsional load Yer5US deflection curve 
for a static torsional load capacity test conducted on a rubber 
element tube driveshaft.ln this tesf, both the ultimate and JAEL 
yield lOJ'que loads are delennined.as well as the driveshaft failure 
mode. In the case of thls specific drives haft, the inner tube of the 
rubber element tube assembly failed. by collapsing, as noted on 
the curve. 

Another test procedure which is used to verify design computa­
tions is a torsional fatigue test. The fatigue test parameters 
employed will vary with the design and lhe application intent of 
the driveshaft. Previously, it was described how fatigue life is 
affected to a considerable degree by such variables as the fre­
quency of the torsional load and the shape of the load-time cycle 
used in the test. 

Since the functional and durability chaJaCteristics of rubber 
element tubes are quite sensitive ·to variations in the elastomer 
properties, the rubber rings themselves are genera11y subjected to 
special quality control monitoring procedures. Variation in rubber 
properties can occur from one compounded batch to another. 
Hence, the molded rubber product manufacturercertiflCS that the 
rubber rings in a given shipment meet the compound specifica­
tiOD. The driveshaft manufacturer, besides inspecting the rings for 
swface condition and dimensional requirements, also maintains a 
quality control audit procedure on the durometer hardness and 
compression set. Although the durometer check does not always 
c:orrelate exactly with spring rate, it does serve as a warning that a 
spring rate change may be evident when a durometer hardness 
change occurs. 

Because therubbecrings are under compression in the ring type 

rubber element tube, a certain maximum level of compression set 
must not be exceeded when the check is conducted in a specified 
manner. Excessive pennanent set will result in the rubber element 
not meeting certain design parameters such as the torque load 
requirement, for example. 

For the multiple ring and inner tube assembly. the common 

40,000 

30,000 

z 

"' 

37,000 LB.-IN. ULTIMATE TORQUE 
(INNER TUBE COLLAPSED) 

31,000 LB.-IN. 
JAEL YIELD TORQUE 

...J 20,000 
w 
::> 
o 
0:: 
o 
... 10,000 

OL-_----:.L-__ c':--__ ,,'=-__ .,-'::-
o 20 40 60 BO 

ANGULAR DEFLECTION, DEGREES 

Fig. 13 - Rubber element tube. static torsional load capacity .. " 
practice has been to bond the rings to the tube with an adhesive as 
previously described. The integrity of this bood must be verified 
after curing and before assembly of the outer tube. The bond must 
be capable of withstanding a load producing a specified minimum 
shearstress which in general has been approximately 300psi. The 
ring and inner tube assembly is checked in a fIxture which 
supports a ring so that when an axial load is applied to the tube, the 
bonded area is subjected to shear loading. Upon application of a 
load which produces a stress higher than the specified minimum 
shear stress, the adhesive should shear from the tube or the rubber 
ring should be tom with some rubber adhering to the tube. If these 
failure characteristics do not occur, the rubber element tube will 
not meet the fatigue test requirements and is thus unacceptable. 

Applications 

The rubber clement tube as an integral component of the 
driveshaft provides added to~ional flexibility. This desirable 
characteristic offers the fo llowing advantages for the applications 
described: 

1. The torsional flexibility provides a means to avoid a tor­
sional resonant condition. Typical applications for this fea­
ture are: 
a. Driveshaft connection between engine flywheel and 

dynamometer of engine test dynamometer.>. 
b. Driveshaft connection between engine and transmis­

sion of vehicle midship-mounted transmissions. 
c. Compressor, pwnp, and fan drives, as well as other 

drive systems where nonunifonn rotating motion oc­
cW'S. 
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2. The torsional flexibility provides an amplitude limitation on 
impact loads such as starting and stopping inenia loads. 
TOugh shifts, and sudden changes in torque which cllshions, 
modifies, and smooths out the transition period. Typical 
applications for this feature are: 
a. Agricultural implements 
b. Rotary mowers 
c. Construction equipmem 
d. Industrial machines and equipment 

3. The torsional flexibility provides cushioning and serves as 
an insulator which tends to prevent cJanering, rattling, and 
contact noises on components with backlash. Typical ap­
plications for this feature are: 
a. Isolation of drivetrain disturbances in passenger can, 

trucks. and construction equipment, as well as other 
drive systems. 

b. Any driveshaft act ing as a resonator for driving and 
driven member disturbances in the drivetrain. 

Application Problems 

Application Problem 1 

249 

Because of the high operating speed and torque requirements. a 
ring type rubber element tube is proposed (or this application. To 
pTOvide a satisfactory critical speed level, the tubing must be 3. 25 
in outside diameter x 0.065 in wall. swaged down 10 2.75 in 
outside diameter al both ends in order to operate within the 
required underbody clearance envelope. Also, the rubberclement 
is to be incorporated in the rear swaged pcmion of the tube. 
Hence. the proposed rubber element lUbe is to use 2.75 in outside 
diameter x 0.065 in wall outer tubing and 2.25 in outside diame­
ter x 0.095 in wall inner tubing. in order to provide sufficient 
annular space for Ihe rubber element. 

For these proposed tubing sizes of the rubber element tube. the 
JAEL yield torques are computed as follows using a design shear 
stress of 33 0Cl0 psi. Further, from previous test data of these tube 
sizes. the corresponding estimated uilimate torque values are also 
listed. 

Outer Tube: 2.75 in 0.0. x 0.065 in wall 

where: 

A new model prototype passenger car has torsional excitation T c. Torque, Ib.in 
emanating from the rear axle. A conventional plain steel tubular 
driveshaft connecting the transmission with the rear axledifferen· 5, =. Shear stress, psi 
ti&! is in resonance with the exciting source and thereby amplifies 

the disturbance. Underbody clearances do not penni! the use of a do = Outer diameter, in 
tuned torsional damper, flexible coupling, or other similar device. 
Due to space limitations, it appears that only a torsional spring d! = Inner diameter, in 
such as a rubber element tube can be incorporated in the 
driveshaft. The design requirements for a suitable rubber element hence: 
lUbe are computed based on the following passenger car applica. 
tion parameters: 

Engine-Type - VB, four stroke spark ignition 
Maximum installed net torque - 320 lb-ft 
Maximum speed - 4300 rpm 
Transmission-Type - three speed automatic with torque 

converter 
Maximum torque converter ratio - 2.00 
Low itear ratio - 2.52 
Vehicle Weight--Curb weight - 3600 Ib 
GVW weight - 4500 Ib 
Drivesbaft-Rubber element tube torsional spring rale -

1.42·2.08 clef/IOO Ib·ft or 48·70 Ib.frlcleg (59 Ib·ft/deg mean 
torsional rate desired). 

Based on tests pe!'formed with other passenger cars having a 
similar power train arrangement and the same approximate 
weight. a predicted shock factor of 1.60 is assumed in computing 
the maximum developed driveshaft torque. This shock factor was 
detennined for fully loaded vehicles and disregards drivetrain 
component efficiencies. Hence. the maximum theoretical engine 
deveJoped stall torque and the predicted shock. torque in the 
driveshaft for this vehicle are: 

T 11Ieore11ca! stall = 320 x 12 x 2.00 x 2.52 = 19 354 lb·in 
T sIIoI:k = 19354 x 1.60 = 30966 Ib·in 

T = 'TT [(2.75)· - (2 .62)4] x 33 (XX) 

16 x 2.75 

T = 23 730 lb·in (JAEL yield) 

T = 36 500 Ib·in (ultimate) 

InMr Tube: 2.25 in 0 .0. x 0.095 in waJl 

T = 'TT [(2.25)· - (2.06)(] X 33 000 

16 x 2.25 

T = 21 946 Ib·jn (JAEL yield) 

T = 33 760 Ib-in (ultimate) 

These torque values for the proposed tubing indicate {hat the 
JAEL yield torques are above the driveshaft maximum, theoreti· 
cal stall torque. while the ultimate torques are safely above the 
predicted drivesbaft shock torque level. 

Figs. 14-16 illustrate the proposed ring type rubber element 
tube with appropriate nomenclature. This nomenclature is de· 
scribed as follows and is used in design computations and in the 
dimensioning procedure. 
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Fig. 16 - Nomenclature for ring type rubber element tube 

NOMENCLATURE 

t.... == Overall length of rubber element, in 
t.... .. Total effective length of rubber element. In 
II '" Space between compressed rubber rings, in 
l.2 = Oistal'lOO from compressed rubber ring to inner tube edge, 

'" l.:J "" Distance from compressed rubber ring to outer rube edge, 

'" L. e Distance from free rubber ring to inner tube edge, In 
Ls '" Spacing distance of free rubber rings, In 
~ = O~erall spacing distance of free rubber rings, in 
L7 = Minimum recommended distance 01 outer tube edge to 

inner tube weld Nne, in 
~ a Overall length of iMer tube, in 
n ::: Number of rubber rings 

do "" Outer tube outside diameter, in 
doc '" Outer lube Inside diameter and also outer cliameler 01 

rubber element, in 
Toc .. Outer tube inside radius and also outer radius of rubber 

element, in 

die = Inner tube outside diameter and also inner diameter of 
rUbber element, In 

fie "" IMer tube outSide radius and also inner radius of rubber 
alement, in 

dol '" Outside diameter of Iree rubber ring, in 
<iiI '" Inside diameter of free rubber ring, in 

r ... Radius of torus section, in 
c '" Mean radius 01 torus ring, in 
TI" Thickness 01 free rubber ring, in 

WI '" Width of free rubber ring, in 
Tc:: Thickness of compressed rubber ring, In 

WIC = Total width 01 compressed rubber ring (including bulge 
effect) in 

Wee:: Eflective width of compressed rubber ring, in 
VI ., Total free rubber ring volume, in' 
Vb '" Bulge volume 01 compressed rubber ring, in" 
Vn '"' Net volume of compressed rubber ring, in' 

Using this nomenclature in appropriate equations, the rubber 
element design can be determined in the following computation 
procedure: 

The inner diameter of the rubber element is 2.25 in and there­
fore, the;inner radius is: 

2.25 
1.125 in ---2 2 

The outer diameter of the rubber element is 2.62 in and, hence, 
the OUler radius is; 

2 .62 1.31 in roc = ----2 2 

The design shear stress at the inner radius of the elastomer at 

maximum applied torque is assumed 10 be 475 psi. Thus, the 
required total effective length of the rubber spring is: 

T 

where: 

T = Torque, Ib-in 

SI = Shear stress, psi 

hence: 

30966 L. - __ ..:.::.c=-__ 
21r X (I,125)t x 475 

J..... = 8.20 in 

Since the rubber element diametral limits are 2.62 in outer 
diameter and 2.25 in innerdiameter,lhe compressed thickness of 
the rubber section is: 
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Tc = 2.62 - 2.25 = 0.185 in 

2 

The compression of the rubber rings is assumed to be 48% and, 
therefore, the free rubber ring section thickness is: 

Tr= 
100 - 48 

tOO x 0.185 
T, = = 0.356 in 

100 - 48 

When a width to thickness ratio of 2.45 for the free rubber ring 
cross section is assumed, the free ring width is: 

Wr = 2.45 Tr 

Wr = 2.45 x 0.356 = 0.872 in 

Now it is possible to detennine the volume of the free rubber 
ring. Since an ambient temperature cure process is to!)e used, a 
diametral inlerference fit of 0.015 in is assumed between the ring 
inner diameter and the inner tube outside diameter to prevent ring 
movement during cure. Therefore, the free ring inner diameter is: 

du = 2.250 - 0.Q15 :;:::: 2.235 in 

and the free ring outer diameter is: 

do, =du + 2Tt 

dot = 2.235 + 2 x 0.356 = 2.947 in 

Hence, the total free rubber ring volume is: 

" [d"l - dlJ W, V,= 
4 

4 

Vr = 2.527 inl 

'The volume of the free rubber and compressed rubber rings 
must be the same. Because the ends of the rings are unrestrained, 
a bulging condition will result when the ring is compressed into 
the outer tube as shown in Fig. 15. The total bulge volume for one 
compressed ring will be assumed to equal the volume of a lotUS 

with one half oflhe volume at each end of the cylindrical section. 
This assumption is sufficiently accurate far rings having compres­
sions in the range of 40-49%. The cylindrical portion of the 
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compressed ring between the bulge ends constitutes the effective 
length of the elastomer. The total bulge volume per ring can be 
computed with the following equation: 

The compressed ring section thickness is 0.185 in and the 
rubber element inner radius is 1. 125 in. From these rubber ele­
ment dimensions, the necessary torus dimensions are computed 
as follows: 

and: 

hence: 

T, ,=- = 
2 

0.185 = 0.0925 in 
2 

c = fie + r = 1.125 + 0.0925 

c = 1.2175 in 

Vb = 2,r x 1.2175 x (0.09251 

This bulge volume must besubtracted from the total free rubber 
ring volume as follows: 

Vn = Vf - Vb = 2.527 - 0.206 = 2.321 in 

This net volume is the cylindrical portion of the compressed 
rubber ring which constitutes the effective width of the elastomer. 
Thus, the effective width of the compressed rubber ring is: 

W..., = 
4 V, 

4 x 2.321 
W..., = -:-'---'-==---,,-

" [(2.621 - (2.251J 
1.64 in 

Therefore, the number of rings required in this rubber element 
tube is: 

8.20 500' -- = . nngs 
1.64 

The desired mean torsional spring rate of the rubber element 
lube is 59 Ib-flldeg. Since 57.296 deg equal one fad, this spring 
rate expressed in Ib-inlrad is: 

kT = 59 x 12 x 57.296 

kT = 40 566 Ib-inlrad 

Based on this torsionaJ rate, the static shear modulus of the 
elastomer is: 
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where : 

G = kT (ro.::l - fle l) 

4 TT ~ Til:l fOCi 

G "" Shear modulus, psi 

kT "" Torsional spring rate, llJ..in/rad 

Toc: ::: Outer radius of rubber element, in 

TI<; = Inner radius of rubber e lement , in 

l. co Effective length of rubber element, in 

G E 40 5661(1.3 1)' - (1.I25~1 ~ 81.65 psi 
4 'IT x 8.20 X (1.1.25)1 X (\.31)'-

In Fig. II at 81.65 psi stalic shear modulus, lhe rubbcrhard­
ness is 63 duromeler. The tolerance for the rubber ring hardness is 
assumed to be ;!; 3 durometer points which will moet the spring 
rate requiremems of the application. 

With the completion of Ihe design computations, it is then 
possible to determine the remaining rubber element tube dimen­
sions by referring to Figs. 15 and 16. When only two rings are 
used in a rubbere1emenllube, the rings must be spaced far enough 
apart to provide adequate tnulsverse stiffness, otherwise critical 
speed and balancing problems can result. In this application prob­
lem, however, five rings are required in the rubber element tube 
and, therefore. the transverse stability problem is not present. 
Hence, it is desirable to select dimensions which will result in a 
shon and compact rubber element tube assembly and which is 
located as close as practical to the driveshaft end. If the rings are 
spaced funher apan than necessary, the large overlap of the outer 
and inner tubes results in an excessively heavy driveshaft. This 
excessive weight would be detrimental to tnc shaft 's critical' 
speed. 

The total width of the compressed rubber ring, including bulge 
effect is: 

W~ :: WK + 2r = 1.64 + 2 x 0.0925 

w~ :::z 1.825 in 

In general, the minimum space between compressed rubber 
rings is in the typical range of 0.040-0. 125 in. For this rubber 
element tube. this space is assumed to be: 

L, ,.. 0.040 in 

Hence, the overaJl length of the rubber element is: 

L" = n W~ + (n-I) L, 

L" = 5 x 1.825 + (5-1) x 0.040 = 9.285 in 

The minimum distance from the compressed rubber ring to the 
inner tube edge is usually in the typical range of 0.100-0.125 in . 

For this rubber element tube. this diSlance is assumed to be: 

4 =0. 100 in 

The minimum distance from the compressed rubber ring to the 
outer tube edge is generally in the typical range ofO. I25..().230 in . 
For this rubber element tube., this distance is assumed 10 be: 

L:. - 0.230 in 

Since the distance from the compressed rubber ring to the inner 
tube edge 4 was assumed to be 0.100 in. the distance from the 
free ring to the inner tube edge is: 

2 

1.825 
L. = 0.100 + 

2 

w, 
2 

0.872 = 0.577 in 

2 

Also. since the space between compressed rubber ringlO L, was 
assumed to be 0 .040 in, the spacing distance of the free rubber 
rings is; 

4 "" 0 .040 + 1.825 - 0.872 = 0.993 in 

Therefore, the overall spacing distance of the free rubber rings 
is: 

Le=nWf +(n-I)Ls 

4 = 5 x 0.872 + (5-1) x 0.993 = 8.332 in 

!be distance from the outer lube edge of the rubber element 
tube to the inncrtube weld line is usually in the range of 1.00-2.87 
in. The minimum recommended distance is 1.00 in, otherwise the 
rubber element could be damaged from the welding heat. For this 
rubber element tube, this distance is assumed to be: 

L., = 2.87 in 

Hence, the overall length of the inner tube is: 

= 0.100 + 9.285 + 0.230 + 2.870 

Lt ,. 12 .485 in 

This rubber e lement tube, as designed. can meet the application 
parameters and will operate in the same clearance envek>pe as the 
conventional plain steel tube. TIle incorporation of this rubber 
element tube in the driveshaft, however, results in a reduction of 
the shaft's critical speed. A computet analysis of both the conven­
tional tubular driveshaft and the rubber element tube driveshaft 
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indicates that the critical speed is reduced by 143 rpm. When a 
safe speed factor of 0.85 is used, the resulting safe operating 
speed is still safely above the maximum speed of 4300 rpm. 

Application Problem 2 

The drivetrain of a large vehicle consists of an engine and 
mid· mounted transmission. A typical solid shaft type of 
driveshaft mounted directly to the engine flywheel and the trans· 
mission input shaft by conventional means results in a torsional 
resonance wilhin the nonnal operating speed range. Detennine 
the feasibility of a rubber element rube driveshaft that will result in 
che torsional resonance occurring outside of the normal operating 
speeds of the vehicle when the following application parameters 
are given: 

Eugn-Typc - Six cyl. four stroke Diesd 
Maximum installed net torque - 850 Ib· ft (10 200 Ib·in) 
Maximum speed - 2500 rpm 
Idling speed. - 500 rpm 
Cranking speed - 150 rpm 
Mass polar moment of inertia (including flywheel) - 40.50 
lb-in-s2 

Transmission-Type - Hydraulic torque converter and 
planetary gear unit, midship mounted 

Mass polar moment of inertia (effective on the transmission 
input shaft) - 22.20 lb-in-s2 

Installation Limitations-Length available from flange 
mounting face to flange mounting face - 16.50 in. Approximate 
maximum swing diameter clearance - 9.00 in. 

The primary concern in this application is to avoid, as much as 
possible, torsional resonance within the normal operating range. 
An analysis of the existing driveshaft. indicates an 8.00 in swing 
diameter and a 16.50 in installed length . The solid shaft effective 
length is reduced to 13.50 in by allowing for an ineffective length 
due to the relatively stiff components of the universal joints. To 
provide an adequate safety factor for peak loads which are esti­
mated at five to one and to obtain satisfactory fatigue life, the 
torsional shear design stress is to be 10 000 psi for the solid steel 
shaft. The required shaft diameter is: 

where: 

hence: 

D = V 16T 

" S, 

D = Diameter, in 

T =- Torque, Ib-in 

Sa "" Shear stress, psi 

31 16X 10200 

V ,"x 10000 

o "" 1.73 in 
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The torsional spring rate of this shaft is: 

where: 

thus: 

=---
32 L, 

KT "" Torsional spring rate, lb·inlrad 

T = Torque, Ib-in 

8 "" Angle of twist, rad 

G = Modulus of rigidity or modulus of elasticity in 
shear, psi (Assume 12000 000 psi for steel) 

I~ = Area polar moment of inertia. int 

4 = Effective length, in 

'" X (1. 73)" x 12 000 (XX) 

32 x 13.50 

kT = 781 68S Ib-inlrad 

Since the drivetrain consists of two rotating inertias connected 
with a torsional spring, che natural frequency of this two mass 
system is: 

where: 

hence: 

also: 

2" 

fll = Natural frequency, (cps) Hz: 

kT = Torsional spring rate of shaft, Ib-in/rad 

1. "" Mass polar moment of inertia of engine, Ib·in·s2 

Jt = Mass polar moment of inertia of inenia of trans· 
mission.lb-in-s! 

2" 

I 78\ 685 x (40.50 + 22.20) 

V 40.50 x 22.20 

fn "" 37.16 cps (Hz) 

f" = 37.16 x 60 = 2230 cpm 

and thus the natural frequency of the system corresponds to 2230 
rpm shaft speed. 
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The rmng frequency of the six eyt, four-stroke Diesel engine is 
three cycles per revolution. Therefore, torsional resonance occurs 
at one third of the system's natural frequency which is at 743 rpm. 
If two times resonance is assumed 10 be a desirable minimum 
condition. the system can be considered to be unsuitable foraper­
ation under 1486 rpm. 

With one cylinder misfiring, resonance will occur at 4458 rpm. 
This condition is above the operating range and would result in a 
reasonably large amplitude transfer through the entire range. 
These resonance values cannot be considered satisfactory for this 
installation. 

An ideal situation for this application would have a torsional 
resonant frequency below the 500 rpm engine idle speed and 
above the 150 rpm engine cranking speed, or in the vicinity 0(300 
rpm. This condition will pennil engine starting, while quickly 
passing through the resonant speed to idle, without excessive 
stresses on any of the components. 

Using the assumed resonance speed of 300 rpm, the rubber 
element tube design can be computed. Since the engine fIring 
frequency is three cycles per revolution, the naturnl frequency of 
the system is: 

where: 

Nr = Resonance speed, rpm 

hence: 

15 cps (Hz) 

and thus knowing the desired frequency. the required torsional 
spring rate can be determined as follows: 

kT = (2 1Tfn)~ Je J, 

Je + J, 

~ c(2"",---X_I"5,-f _x __ 40= .5"O_X--=22,,.,,20,-

40.50 + 22.20 

kT = 127375 Ib-in/fad 

Since one radian equals 57.29578 deg, the spring rnlecan also 
be expressed as follows: 

kT = 
127375 

= 2223 Ib-in!deg 
57.29578 

or. 

kT = 
2223 

185.261b-ftldeg ---~ 

12 

For practical reasons, the torsional spring rate of the rubber 
element tube driveshaft is generally specified as an angular deflec­
tion at a convenient torque load such as 100 Ib·ft as follows: 

Torsional rate = 100 

185.26 
Torsional rate = 0.54 deylOO Ib-ff 

This spring rate is, therefore, required to provide the assumed 

300 rpm resonance speed. 
Within the installation's limitation on the swing diameter and 

an inner lUbe which is compatible with the size of the universal 
joints, the following rubber element proponions are assumed for 
trial computations: 

Inner diameter =: 4 in 
Outer diameter =: 8 in 

Since the driveshaft is located between the power source and a 
driven 'member, and because of the moderate torque and relatively 
low speeds, a molded rubber element construction is proposed. 
Thus, the design shear stress is assumed to be 100 psi at 850 Ib-ft 
maximum, installed net engine torque and a rubber hardness of 
55 durometer is proposed. The required length of the rubber is: 

where: 

hence: 

L = Length of elastomer, in 

T = Torque, Ib-in 

rl = Inner radius of elastomer, in 

S& == Shear suess at inner radius, psi 

L ~ __ 1:..:0c;2:..:00-,-_ 

21T x (2'1 x 100 

L = 4.06 in 

This length is the minimum length of rubber necessary to meet 
the application's torque requirement . The torsional spring rate of 
this rubber section is: 

where: 

kT =: Torsional spring rate, Ib-in!rad 

L = Length of rubber, in 
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G = Shear modulus of rubber. psi 

rl = Inner radius of rubber, in 

To = Outer radius of rubber, in 

Because the rubber element required for this application must 
be tuned to a given resonant speed, the dynamic shear modulus of 
the elastomer must be used in order to compute the dynamic 
spring rate . In Fig. 10 at 55 durometer, the dynamic shear mod· 
ulus is 145 psi for a molded rubber section type of rubber element 
tube. Thus, the dynamic spring rate is: 

or: 

or: 

41T X 4.06 x 145 X (2)2 X (4)l 

(4)2 _ (2)2 

kT = 39 455 Ib-in/rad 

39455 
kT = --"'--""'---- "" 689 Ib·inJdeg 

57.29578 

689 
-- = 57.42 Ib-ftldeg 
.2 
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This resonance speed is just slightly above the cranking speed 
and also because the torsional windup is excessive, the computed 
rubber spring is not acceptable. A stiffer rubber element tube with 
less torsional windup is required to satisfy the assumed resonance 
speed of300 rpm. In order to achieve this desired result, any or all 
of the following modifICations to the elastomeric section can be 
made: 

I _ Reduce the rubber outer diameter 
2 . [ncrease the rubber length 
3 . [ncrease the durometer hardness and thus increase the 

dynamic shear modulus of the rubber. 
Since in this case considerable reduction in torsional windup is 

necessary , all three of these rubber design parameters will be 
modified as follows: 

therefore: 

ro =3in 

L "" 9 in 

G "" 155 psi al 57 durometer from Fig. iO 

4 1T .X 9 X 155 X (2)2 X (31 
(3)2 _ (2)2 

kT = 126 217 llrin/rad 

As previously explained, this IOr.>ional spring rate can also be or: 
expressed as follows for practical reasons: 

.00 
Torsional rate ::: -='--

57.42 

Torsional rate = 1.74 deg/IOO Ib·ft 

This torsional rate resulting from the assumed rubber spring 
proportions results in an excessive torsional windup. The natural 
frequency of the rubber element tube is: 

• fn = ---
2rr 

~---

2rr 

J 39455 (41l.50 + 22.20) 

40.50 x 22.20 

fn = 8.35 cps (Hz) 

Since the engine ruing frequency is three cycles per revolution, 
the resonance speed is: 

8.35 x 60 

3 
~ .67 <pm 

or:. 

126217 
kT = -'-="-""- = 2203 lb-inJdeg 

57.29578 

2203 
kT = -- "" 183.58 lb·ft/deg 

.2 

and for practical reasons this torsional spring rate can be expres· 
sed as fonows: 

Torsional rate "" 
.00 

.83.58 
Torsional rate"" 0.54 degllOO Ib-ft 

Hence, the correct spring rate is obtained with the revised rubber 
design parameters. Fig. 17 illustrates the geometric proportions of 
the molded rubber element tube: that satisfies the application 
requirements. 

The procedwes and computations performed in this problem 
are directed towards a mid· mounted transmission application. 
However, the same procedures and analysis can be applied to a 
wide range of installations involving the same principles such as 
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Fig. 17 - Molded rubber element tube 

dynamometer, compressor, fan, and pump drives, and SO on, 
where nonunifonn rotating motion occurs and a torsional reso­
nance frequency within the operating range is to be avoided. 

The basic application parameters required to make an analysis 
are: 

I . Installation length and swing diameter limitations 
2. Power Source 

INERTIA 
,-

-

K.E. 

where: 

SHAFT 

Fig. 18 - Equivalent two mass system 

~ _I_ Jw' 
2 

~ .!. J (2 ~N ) 
2 60 

INERTIA 2 
,-

3 . Type, number of cylinders and stroke K.E = Kinetic energy, in-lb 
b. Maximum torque 

c. Maximum and minimum speed J = Mass polar moment of inertia. lb-in-s2 

d. Idling speed 

e. Cranking speed w = Angular velocity, radls 
f. Mass polar moment of inertia including flywheel 

3. Driven Member N = Rotational speed, rpm 
a. Type 
b. Mass polar moment of inertia, effective on the input hence: 

shaft 

Application Problem 3 

The rotating mass of the drivetrain components in a typical 
agricultural implement is subject to angular accelerations and 
decelerations during operation of the implement. Some of these 
speed fluctuations are designed into the implement . Forexampl~, 
a flywheel is used to give up energy for compression of a bale in a 
typical hay baler. Other fluctuations are accidental, as would be 
the case if the baling mechanism jammed due to overload or 
malfunction. 

Speed fluctuations of a moving mass indicate some type of 
energy transfer. The introduction of agricu ltural implements hav­
ing larger rotating masses means that re latively larger amounts of 
this energy could be transferred through the driveshafls. gears, 
and other torque transmining components of an implement's 
drivetrain. These larger amounts of transferred energy show up as 
higher torque peaks through the system. These torque peaks reach 
values higher than the nominal torque required for nonnal opera­
tion of the implement. 

Torsional Impact - In cases of implement jamming, the 
kinetic energy of the rotating mass is converted into strain energy 
in the power transmilling components, resulting in very high 
lorsional impact type of torque loads. The conversion of kinetic 
energy into Slrain energy can best be illustrated by an equivalent 
two mass system as shown in Fig. 18. 

In Ihis system, it is assumed thatlhe shaft speed is 500 rpm and 
the mass moment of inertia of each disc is 50 Ib-in-sz. The kinetic 
energy of each disc is: 

K.E. = 
I 

2 
x SO X (21T x 5°Of 

60 

K.E. == 68539 in-Ib 

For a shaft of uniform cross section subjecled 10 

loading. the strain energy in the shaft is: 

where: 

TO 
U ~-

2 

U = Strain energy, in-lb 

T = Torque. lb-in 

8 = Angu lar deflection, rad 

torsional 

During an instantaneous stoppage of one disc by an external 
force for the two mass system shown in Fig. 18, thekineticenergy 
produced by this disc is assumed to be converted to strain energy. 
The torsional rigidity of the shaft is such that it twists one radian 
under the torque load. The resulting torque in the shaft is: 

T~ 
2U 

o 
2x68539 

T = 137 078 lb-in 
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CUTTER BLADES 
(INERTIA) 

! POWER INPUT 
(FROM TRACTOR) 

Ftg. 19 - Schematic view of double bladed rotary mower 

When additional torsional elasticity is introduced into this shaft to 
obtain a torsional deflection of three rad ians under the torque 
load. the maximum torque is: 

T = 2U '" 
9 

2x68539 

3 

T = 45 693 Ib-in 

Therefore. a significant reduction in the torsional impact type 
of torque load results when torsional elasticity is increased in the 
drive system. A practical example of a case where instantaneous 
stoppage of mass occurs is a typical double bladed rotary mower 
as shown schematically in Fig. 19. 

When one ofthe blades stops instantly such as when striking a 
rock or a stump. the kinetic energy of the other blade is trans­
formed into strain energy in the connecting shafts and gears. As 
shown in the previous example. a decrease in the spring rate of the 
shafts between these masses will reduce the torque and con­
sequently the stresses in the shafts and gears of the gear reduction 
units. For this type of application. as well as others requiring a 
cushioning effect for torsional impact loads and starting inenia 
loads, the ring type of rubber element tube provides a means for 
reducing the detrimental effects of these shock torque peaks. 

Torsional Vibration - As with other vehicles, agricultural 
equipment will, by the nature of their design and use, have 
inherent vibrations and gear noises, usually as a result of unequal 
universal joint angles. These disturbing torque pulses. when 
produced by nonconstant velocity universal joint action, will 
occur twice per shaft revolution . and if they coincide with the 
natura1 frequency of the system, will result in very high peaks. 
Through analysis of the drivetrain system, a driveshaft can be 
designed incorporating a rubber element tube that will have a 
spring rate compatible with the system. thereby reducing and 
damping noise transfer. 
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Section 9.4.2 

Torsional Dampers 
E. R. Wagner, P.E. - Saginaw Steering Gear Diy., GMC 

A. H. Becker - Ford Motor Co. 

INERT IA R II<G---"'77777777:1 

ELASTOME R IC RI NG ---ff~f;!~~~~~:fg§Il 

Fig. 1 - Torsional damper 

In conventional passenger cars and trucks, objectionable 
driveline vibrations may occur at certain speeds and load condi­
tions. Some of these disturbances may be eliminated or reduced to 
an acceptable level with the incorporation of a torsional dynllJl1ic 
absorber or damper into the main torsional drivetrain system of 
the venicle. Such an absorber or damper, shown in Fig. 1, is a 
tuned mechanical device, which consists generally of an inertia 
ring attached to a drivetrain component by means of an elas­
tomerie inner ring. This device can also be of the internal vibra­
tion absorber (IV A) construction shown in Fig. 2 where a tubular 
inertia mass is located usually by means of two elastomeric rings 
inside a driveshaft tube. &th of these devices are based on the 
fundamental principle of the damped vibration absorber, wherein 
the amplitude of the main mass, excited by a disturbing force at a 
given frequency , is reduced by a smaller mass IUned to the im­
pressed or disturbing frequency . 

The main torsional system in an automotive vehicle consists of 
the engine, flywheel, plus clutch, or converter, and transmission 
inertia masses connected through a relatively flexible driveshaft 
to the fmal drive, axle, brake, and drive wheel inertia masses. 
This elastic system is susceptible to torsional oscillations. On the 
basis of a computer analysis, it is possible to predict the problem 
or resonant frequencies and then formulate torsional absorbers 
with optimum location, spring rate, inertia mass, and damping 

factor, that is, tuning. 
The ideal location for the absorber is at the antinode of the 

torsional system. Thils is the point of maximwn anguJar velocity 
or highest amplitude of oscillation. Here the damper will be most 
effective. When this optimum location is not feasible or practical, 
then the damper should be located as far as possible from the 
nodal point (point of zero motion). At the nodal point, a damper 
would be ineffective. 

'00 

~· TlJB lJLAR INERT I A MASS 

LASTOMERIC RINGS 

Frg. 2 - Internal vibration abSOfbef 

I 
A 

, , , , , 
"' I .... , '"" 
.... , "" "' I 

"" ' " , ~ I 
.;. I .:!o I ..!' I 

400 50 0 SOO 
FREOUENCY, HERTZ 

Flg. 3 - Tuned absorber frequency response curve 

m o 

When a given tuned damper is forced to oscillate at a constant 
level of input angular acceleration through an appropriate fre· 
quency range which includes its resonant frequency, a frequency 
response curve is generated. The shape of this curve is based on 
the damping in the elastomeric element and is a measure of tbe 
damper's effectiveness. When viscous damping is assumed to 
apply, the width of the resonance curve at the ha1f-power points 
can be detennined. These half-power points are referred to as 
sidebands and are the two frequencies on either side of resonance 
where the amplitudes are V2J2 times the peak amplitude. 

Fig . 3 shows a typical frequency response curve at ambient 
temperature for an axle noise tuned torsional damper where the 
damping is 10 be 5-10% of critical damping. In establishing the 
tuning requirements for this particular damper, il is also desired 
that the resonant frequency must fall within the temperature band 
shown in Fig. 4. This damper is required in a passenger car which 
Cl!:hibits axle gcar noise at 55 mph. For this particular vehicle, 
N{V, theratioofdriveshaft speed in rpm tocarspeed in mph is42. 
Also, the number of teeth in the drive pinion is 13. From this 
vehicle data, it is possible to compute the axle noise frequency 
which is the same frequency as the pinion and ring gear tooth 
mesh or contact frequency as follows: 
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The percent of critical damping is: 

Percent damping = 100, = 100 x 0.0664 = 6.64% 

Thus, this value would meet the damping requirements for the 
damper. For best performance. a damper should have light damp­
ing for which the recommended range of critical damping,has 
been 5-15%. 

Generally. a torsional damper is used 10 control axle noise in 
the 350-650 Hz frequency range. II has also been utilized to 
minimize start-up groan or G-string noise in the lower frequency 
range of 100·150 Hz al ambient temperature. 

:!' 400 The rotational mass moment of inet1ia of the inertia ring of 
typical dampers have been in the range of approximately 0.008-
0.031 lb-in-st. The rule of thumb has been that the inertia ratio or 

300.","---:'-=---::l::---:-:-:---:=-=-:-~ the ratio of the absorber inertia to the main inertia should be 

z 
:::> 
I-

30 60 90 1 20 150 180 1/10: 1/12. An abosrber so designed would have a practical size. 
TEMP ERATUR E. DE G REE S F. The main inertia referred to in this ratio is the effective power train 

Fig. 4 - Effect of temperature on tuning frequency 

Axle Noise Frequency = 
55x42xl3 

60 
500 cps (Hz) 

Hence, the resonant or peak frequency of the damper producing 
the frequency response curve in Fig. 3 may be tuned to the prob­
lem frequency of the car. However, in some instances the op­
timum tuning of a damper has been found to differ from the 
problem frequency experienced in the car. By analyzing this fre­
quency response curve, it can be determined whether it meets the 
required damping of the intended drivetrain installation . . 

1be damping factor is: 

where: 

c = Torsional damping coefficient of the elastomeric 
element, Ib·io-slrad 

ce <= Critical torsional dampingcoefficient,lb-in-slrad 

fn = Resonant or peak frequency. Hz 

f! and f2 = Frequencies on each side of resonance for which 
the amplitudes are V2J2 orO.7071 times the peak 
amplitude (called the sidebands or half-power 
poims as previously indicated)_ Hz 

hence: 

inertia at the point in the d~veline where the damper is to be 
located. 

The inertia of the damper can be determined experimentally, by 
trial and error, or analytically by computer analysis. The geomet­
ric limits of the inertia ring configuration are usually governed by 
vehicle packaging requirements. In past practice, the outside 
diameters of typical inertia rings have ranged from 3.50-5.50 in 
approximately. Hence, by assuming an annular size which pro­
vides the necessary clearances with other drivetrain components 
and the underbody, and by using the known ring material density, 
this configuration can be determined with the following equation: 

where: 

J = Mass moment of inertia of absorber ring. lb-in-s' 

W = Weight of absorber ring , Ib 

k = Radius of gyrat ion of absorber ring, in 

g = Acceleration due to gravity, 3S6.4 in/sis 

Generally. the damper elastomer is an integral ring or a rolled 
up rectangular strip which is assembled in compression in the 
annular space between lhe inertia ring and a hub on the driveline. 

For typical axle noise and start-up groan luned absorbers, the 
section thickness of the compressed elastomeric rings have been 
in the approximate range of 0.09-0.13 in and 0.19-0.28 in, 
respectively. 

This elastomer is usually rubber, which is in the typical hard­
ness range of 50-70 Shore A durometer. depending on the luning 
requiremems. In order for the damper to function effectively in a 
drivetrain installation, the percent compression has been gener· 
ally in the typical range of ,22-30% and can be detennioed as 
follows: 
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(

Free elastomer Compressed C13Sl0me) 
Percent . = section thickness - section thickness 100 
compression Free elastomer 

section thickness 

The percent compression should be sufficient to prevent slipping 
afthe inenia ring relative to the hub when operating under varying 
environmental conditions in a particular installation. 

Inertia rings are commonly machined from a cast iron casting. 
Depending on the design configuration and the size of the inertia 
mass of the ring. it may be therefore desirable to specify a 
minimum bursting speed depending on the maximum driveline 
speed. 
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Section 9.4.3 

Liners 
E . R. Wagner, P.E. - Saginaw Steering Gear Div., GMC 

Fig. 1 - Cardboard liner 

In certain applications, such as passenger cars for example, 
driveshafts with plain steel tubing may emit objectionable diSlU[­
bances which art an inherent characteristic of their design. 'The 
most common disturbance. is driveshaft ringing. and is an audible 
metallic disturbance which is caused by the hollow steel lube 
amplifying longitudinal vibrations. This distUIbance is induced 
by diverse driveline inputs at approximately 100 Hz. 

Driveshaft ringing may be reduced 10 an acceptable level by 
installing a liner consisting of a suitable sound and vibration 
deadening material on the inside diameter of the steel tubing. In 
general, the liner is an oversize lube of adhesive bonded 
catdbonrd paper construction which consists typically of a three 
ply core surrounded by a single ply spiral WQund corrugalion as 
shown in Fig . I . Tllis spira] wound corrugation distorts upon 
assembly and provides an adequate interference fit with the steel 
tube inside diameter. as shown in Fig . 2, so that the cardboard 
liner will not move relative to the lube. Usually, the liner is cut 10 
nearly the full length oftbedriveshaft tube. Also, the liner may be 
used in shorter lengths for installation in one or both ends of tbe 
tube as illmtraled in Fig. 3. The cardboard tube construction, as 
described , generally produces only a minimal effect on the 
driveshaft critical speed and dynamic balance, which is less than 
that resulting from the use of a rubber element tube in the same 
application . 

TUBE 

CARDBOARD 

Fig. 2 - SectiOn view of cardboard IiI"l9f pt8S$8d Into tube 

CARDBOARD LINER 

Fig. 3 - Typical tubular driveshaft with two cardboard Wners 
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Chapter 10 

Critical Speed 
E. R. Wagner, P.E. - Saginaw Steering Gear Dil' . , GMC 

D. W. Holzinger - Spicer Universal Joint Div., Dana Corp. 
F. C. Nagele - RockweU Inlernational 

Theory 

It is well known that rotating shafts at certain speeds can 
become dynamically unstable and vibrations of large ampli· 
tude are likely to occur which may result in fracture. This 
phenomenon is due to the shaft unbalance forces and is 
known as critical, whirling, or whipping speed. It is the 
speed at which the rotational speed coincides with the 
transverse natural vibration frequency of the shaft. 

In spite of careful workmanship, the center of mass of a 
revolving shaft never coincides euetly with the axis of 
rotation. Owing to the eccentricity of the mass center, an 
unbalanced centrifugal force is produced which causes the 
shaft to whirl and the system to vibrate. The phenomenon 
would be still more pronounced jf the shaft carried a heavy 
disc at the middle of its length with its center of mass off­
set at a distance e from the axis of rotation, as shown in 
Fig. I in an idealized system. 

Under the influence of centrifugal force, the shaft at the 
middle of its length will deflect a distance y from its neu­
tral position. This force is balanced by the internal elastic 
restoring force of the shaft. The internal hysteresis of the 
shaft material acts as damping on the whirl. A self-excited 
whirl at the critical speed may build up and the deflection 
increases to infinity assuming no damping. 

The typical drivelinl: is essentially a long slender rotating 
member and being of elastic material, it has a transverse 
spring rate. This elastic characteristic allows it to distort 
when subjected to various transverse vibration conditions. 

The driveline depends for its support on some external 
member. This member, in itself. is usually resiliently sup­
ported and. therefore. has some series of response charac­
teristics. The coupling of the resilient long shaft and 
resilient supports can produce many transverse vibratory 
modes. It is traditionaJ to think of this driveshaft as having 
a critical speed which must be avoided. A simple critical 
speed condition actually exists only when the driveshaft is 
supported. on a completely rigid structure, as shown in Fig. 
I. Under this condition, a simple bending mode of vibra­
tion based upon rigid supports is possible. In a typical one 
piece vehicle driveline installation, the driveshaft has a uni­
versal joint at each end. It is assumed to be a simply sup­
ported beam where the rigid end supporting condition at 
the joint centers is considered to be a hinged or pinned 
connection. If the shaft is considered uoiform in cross sec­
tion along its entire length, the critical speed is: 

CENTER OF 
MASS OF DISC 

G 

DISC 

b=L.----I 
Fig. 1 - Shaft with central unbalanced disc 

Nc =301TJ EIg 
WL' 

where: 

Nc = Revolutions per minute, rpm 
E = Modulus of elasticity. psi 
J = Area moment of inertia, iot 
g = Acceleration due to gravity, in/s1 

W = Total weight of shaft, lb 

CID·~ 
tG , 

L = Shaft length between supports (universal joint 
centers), in 

The speed determined by this equation is the lowest criti­
cal speed. Other critical speeds are harmonics aod oeeur at 
4, 9, 16, and so on multiples of the fundamental. Gener­
ally, these higher orde~ are not of importance in vehicle 
driveline installations. The half critical speed may be 
important in certain drivelines due to secondary couple 
action resulting from nonconstant velocity type universal 
joints. since the couple force osci llates at a frequenc)' of 
twice shaft speed. 

When assuming a round steel shaft having a modulus of 
elasticity of 29 000 000 psi and a density of 0.281 Iblin3 , 

the previous equation can be expressed. as follows: 

Round Solid Steel Shaft 

where: 

d 
N\: = 4 705 000 rr 

d"" Shaft diameter, in 
L = Shaft length between supports (un iversal joint 

centers), in 
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Round Tubular Steel Shaft 

where: 

d" = Outside diameter. j"n 

d l = Inside diameter, in 
L = Shafl length between suppons (universal joint 

centers). in 

It is apparent thaI equations can easily be derived for 
other shaft materials simply by knowing the modulus of 
elasticity and density of lhe intended material. II is also 
possible 10 revise the equations if shaft sections other than 
round sol id or tubular configurations are proposed. How. 
ever, it has been found that a thin wall , round lubular sec· 
tion is the most efficient because the critical speed varies 
directly as the seclion moment of inertia. and inversely as 
the mass per unit length, 

A typical driveline supported on a resilient structure does 
not possess the characteristics defined by rigid supports. 
The deviations from the simple fundamemal of vibration 
characteristics are: more: pronounced as the supports become 
relatively softer. A relationship can, therefore, be defined 
showing the expected transverse characteristics as related to 
the transverse spring rate of the shaft and to the spring nile 
of its supports . A term "stiffness ra60" can be used to 
define this relationship as fo llows: 

Stiffness Ratio"" JB 
where: 

E =' Modulus of elasticity 
I = Area moment of inertia 

k = Spring rate of the support 
L = Shaft length between supportS 

Transverse vibratiQfl characteristics essentially define the 
response of the system to a periodic exciting force, In dis· 
cussing transverse vibrations, this exciting force is usually 
unbalance, Secondary couple loads oflen produce sim ilar 
characu:ristic:s. As previously indicated, the two per revolu · 
tion characteristics of secondary couple loads usually have 
the effect of a force vibration at one half of the rotating 
speed of basic response from the one per revolution unbal· 
ance eXCitaTion . 

Mounting characteristics can vary over a wide r.rnge 
between the two extremes of the rigid and relatively soft 
supports. A stiffness ratio of zero indicates complete ly rigid 
supports or a fixed -fixed condition . As the stiffness numeri­
cal value increases. the suppons become progressively 
more resilient and approach the free· free condition. The 
ac:\Ual frequencies that exist will depend lipan the relative 
stiffness of the supports and the driveshaft ilself. 

1 ST MODE 

SUPPORT 
AMPLITUDE 3RD MODE 

Fig. 2 - Oitical speed mode shapes 

Actual Critical Speed Mode Shapes 

11le use of the previous critical speed equalions is satis­
factory where comparatively stiff support struelUres are utj­
lized. They are, however, very much in error when 
extremely resilicnt suppons are employed. For example, the 
very low rate, low frequency shaft syppoJ1 bearings used in 
multi-piece driveshafts completely change these critical 
speed considerations. The introduction of more resi lient 
supports actually introduces additional modes of vibration 
and halO the effect of changi ng the fundamenta l transverse 
frequency. When supported on a very low rate struclUre, 
the driveshafl's critical speed characteriStics are as fo llows: 

I. The first mode of vibration resembles a bounce fre ­
quency. There is some flexure of the driveshaft 
depending on the relative stiffness, but the ends and 
center of the shafl are moving in the same direction 
at the same time. 

2. The second mode of vibration of the driveshaft 
resembles a pitch frequency. In this condition, oppo. 
site ends of the shaft are vibrating in opposite direc· 
tions at the same time and the shaft itself flexes 
slightly. Its basic motion is pitching around the mid­
dle of the driveshaft itself. 

3 . The third modc of vibration resembles a free-free 
beam. There is a large amount of flexure within the 
shafl itself. The ends of the driveshaft are vibrating 
in a direction opposite that of the center of the shaft 
resulting in a large degree of shaft flexure. 

These three vibration mode shapes are shown in Fig. 2. 
Some driveshafts may therefore assume critical speed 
characteristics depending upon the support restraint. With 
extremely rigid supports, it lends to vibrate as a fixed-fixed 
beam as described by the previous basic equations. With 
extremely soft supports, the shaH tends to bounce, pitch, 
and flex as a free-free beam in that order. The softer Ihe 
supports, the less flexure will occur within the first two 
modes and they will essentially be a rigid body bouncing 
and pitching on flexible SliPPOns. The third mode. how­
ever, as a free-free beam will involve large amounts of 
flexure within the driveshaft itself. 

The support characteristics can vary over a large range 
between the two extremes of fixed·r",ed and free·free 
beams. The practical effc<:ts of these mounting characteris· 
tics on the crilical speed are as follows: 

I. Driveshafts mounted on relatively slifT supports rea­
sonably well, obey the classic approach of the fixed-
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fixed beam. II is merely necessary to maintain the 
maximum operating speed well below the fundamen­
tal transverse frequency to avoid cri tical speed. 

2. With extremely resilient supports, the first and second 
modes of vibration are virtually bounce and pitch fre­
quencies. These modes can have the characteristic of 
low frequency, short duration. and instability which 
can operate in a virtually vibration free manner. The 
small forces from unbalance with these low specds 
further help the situation. 

3. With eXlremely resilient supports, the thini mode of 
vibOllion is well above those computed by the classi· 
cal methods. The third mode can be over twice the 
basic fundamental frequency when this condition is at 
an extreme. It must be pointed out that extremely 
high flexure occurs in this thi rd mode and that it does 
become the most serious potential failure condition. 

4. With elastic supports, driveshafts can be made longer 
and thinner without entering into critical speed 
difficulties. 

It is generally considered that the critical speed itself is a 
potentia! failure situation and is certainly lrue of the simply 
supported shaft on comparatively rigid mountings. As the 
critical speed is approached, there is a large increase in the 
one per revolution exciting force being transferred to the 
supports. There is also an increase in nexure stress within 
the shaft itself. There would normally be much disturbing 
vibration and the possibility of whipping out of the 
driveshaft. 

When dealing with extremely resilient mountings on even 
one end of the driveshaft, the situation is much different. 
The lower modes of vibration will occur at much lower 
speeds and will involve more motion in the supports than 
flexure in the driveshaft. Also. there will be transmitted 
vibrations. At low speeds, these disturbances can be so 
small as to be virtually vibration free. Therefore, with 
extremely soft mounts, there is little difficulty operating 
through the vibratory modes. 

With very elastic supports, the third mode of vibration is 
elttremely serious. Since the shaft is tending [0 oscillate as 
a free-free beam, there is very high flexural stress occur­
ring. The mounts themselves, although subjected to vibra­
tion, are actually moving opposite to their imposed force in 
acting in a post resonant manner. There will generally be 
little transmission of vibration to the supports despite the 
large flexural stress in the shaft itself. Driveshaft whipping 
out, o r whirling in this condition is even more likely than 
with 8. fixed-fixed relationship. This critical speed failure 
combined with the low level of transmitted vibration, pro­
duces an instantaneous type of failure with littJ~ vibration 
warning to the vehicle occupants. These failures occur 
quickly and are explosive in nature. It, therefore, becomes 
extremely important to avoid any operation at or approach­
ing this mode of vibration. where very soft supports are 
used. 
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Shaft Whirl 

A characteristic of any vehicle driveline at its critical 
speed is that of driveshaft elliptical whirl. This whirling is 
synchronous in nature in that the whirl frequency is the 
same as the shaft speed and can be defined as an elliptical 
orbital path superimposed on the rotation of a shaft around 
its bearing axis. During whirl the shaft bends outward and 
describes Ihis orbital path . 

This whirling condition can also be either forward or 
reverse in direction, as shown in Figs. 3 and 4, respec-
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EFfECTIVE PROPERTIES OF 
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EFFECTIVE PROPERTIES OF 
REAR SUSPENSION SYSTEM 

Powefplonl Properties "I­

Reor Suspension ProperTies 

Horizontal Prope flies ~ 
Vel tical Properties 

Fig. 5 - Driveshah end constraints 

tively. In forward whirl, the ellipse is generated in the 
same direction as the direction of shaft rotation . while in 
reverse whirl, the ellipse is generated opposite to the direc­
tion of shaft rotation. 

The whirling is elliptical simply because of unsymmetri­
cal driveshaft support stiffnesses such as shown in Fig. 5. 
The variations in amplitude depend on these vertical and 
horizontal end conditions. The driveshaft at anyone point 
can be considered in equilibrium. The total deflecting force 
is equal to the internal restoring force. 

In order (0 more fully understand shaft whirl and the 
resulting stresses, an analytical analysis is required. The 
driveshaft is assumed to be rotating with a speed of Wr in 
nonsymmetric bearing supports. Also, it is assumed that the 
centrifugal force produced by shaft unbalance is sufficient 
to cause the driveshaft to bend such that its center of grav­
ity location is displaced in a horizontal and vertical direc­
tion from the bearing axis. This condition is tenned shaft 
whirl, meaning that the driveshaft rotates on its axis with a 
speed of w.. while its center of gravity translates around 
the bearing axis describing an ellipse al a speed of WW ' 

The whirling fTequeocy is the same as that of shaft speed 
and the whirling motion is elliptical simply because of the 
non-symmetrical end supports where the rotating centrifugal 
force vector caused by the unbalance produces different 
amounts of motion in the horizontal and vertical directions . 
This type of motion generates an ellipse. The whirl can be 
either forward or reverse depending upon other system 
parameters. 

When a rotating shaft exhibits a whirling motion, bend­
ing stresses are induced in the shaft which can result in 
varying degrees of alternating-mean stress relationships. 
Although these stress levels may be below the yield 
strength of the material, they can result in a fatigue failure 
in due time. For example, if a point of maximum stress on 
the driveshaft is taken and if this stress is plotted for onc 
complete revolution of the shaft in forward whirl, as shown 
in Fig. 3, it can be seen that the stress frequency is twice 
the rotational frequency of the shaft and there is no stress 
reversal. The stress. in other words , varies in either all ten­
sion or all compression. If now this same point is taken 
and the stress is plotted for one complete revolution of the 
shaft in reverse whirl, as shown in Fig . 4, it can be seen 
that the maximum stress for both conditions is the same, 

but that the variable stress with reverse whirl is greater. It 
is also noted that the stress for reverse whirl alternates 
from tension to compression, resulting in a lower fatigue 
life than for the same molion in forward whirl. For this 
comparison, it is assumed that the maximum slresses in 
both cases are the same. It is possible then that reverse 
whirl can be detrimental to a driveline, not only because it 
lowers ils fatigue life, but also because it may degenerate 
into a relatively unstable whirl condition . 

Reverse whir! is undesirable as compared to forward 
whirl if the elliptical motions for both conditions of whirl 
were identical. In an actual driveline installation, however, 
these motions are not the same. The reverse motion usually 
is less than the forward motion. Experimental work has 
shown that reverse whirl always occurs after forward whirl 
and might not be as detrimental as originally expected. In 
fact, there is some empirical evidence that to some extent 
the reverse whirl may be even desirable. 

Agreement with Practical Results 

As previously stated, it has been found that the actual 
critical' speeds are somewhat lower than the theoretically 
calculated values. This is due to the fact that the points of 
support are not rigid. A vehicle driveshaft, when TOtating at 
high speed, will whirl in the same way as a heavy rope 
which is being swung around by two persons. If they cease 
their whirling effort, their hands will. nevertheless, be car­
ried around in a circle. This is also so with the driveshaft 
supports. The latter include the universal joints, which are 
fitted to shafts overhanging their bearings. Under the influ­
ence of the centrifugal force on the driveshaft, these shafts 
and bearing suppons will flex in the same plane as the 
driveshaft, thus virtually increasing the distance between 
supports. The effect, of course, depends on the relative 
stiffness or resilience and on the overhang of the connected 
shafts. Additional influences on the reduction of the calcu­
lated critical speed can be caused by shaft unbalance, mass 
distribution in non-homogeneous shafts, and secondary cou­
ples. Also, compliance in the universal joints, transmissiQn 
and engine mounts, shaft support bearings, and axle or sus­
pension pivot bushings can influence the driveshaft critical 
speed. The influences of these various factors are also dis­
cussed in the chapters on Vibration Control and Shaft Sup­
port Bearings. 

Safe Operating Speed 

Since the actual drivetrain system critical speed is some­
what below the theoretically calculated value for the drive­
shaft, factors can be used to detennine the maximum safe 
operating speed pennissible for a driveshaft in a particular 
installation. In general, a safe speed factor of 0.85 has 
been ' used for passenger car and light-dulY lruck applica­
tions. while 0.75 has been generally accepted for medium 
and heavy-dUlY trucks. 

These speed faclOrs are associaled with vehicle applica-
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lion experience and are related to the following generally 
accepted driveshafl installation parameters: 

Universal 10int Angles 6 deg maximum continuous 
operating angle 

Driveshaft Length 60 in maximum installed cen­
ter to center distance of uni­
versal joints. 

Also, these speed faclors are based on the following 
driveshaft unbalance limits: 

is: 

Passenger Cars and 
Light-Duty Trucks 

Medium and Heavy­
Duty Trucks 

0.500 oz-in for each ten Ib 
of weight per end of shaft. 

1.000 oz-in for each JO Ib 
of weight per end of shaft. 

Therefore, the maximum safe operating speed of a shaft 

where: 

K = Safe speed factor 
Nt = Critical speed, rpm 

Successful applications exceeding the above mentioned 
angle and length parameters have been and are continuing 
to be made. However, the degree of their success is gener­
ally associated with the compatibility of the end supporting 
members to the weight and length of the driveshaft as indi­
cated previously. 

When applying lhe 0.85 and 0.75 speed factors to shaft 
lengths in excess of 60 in. it is recommended that caution 
be exercised. It may be nece"ary to match the powerplant 
support to the driveshaft to obtain maximum critical speed 
capability. Positioning and rigidity of the powerplant sup­
ports becomes more significant since the weight· of the 
driveshaft attached to its supporting member may be 
enough to create a first order response. If sustained vehicle 
operation is in this critical frequency. failures can result in 
the transmission extension, converter housing, or clutch 
housing. 

Solutions to failures of this type are: 
I. Redesign the powerplant support means and rigidity. 
2. Redesign the driveshaft with a greater section moment 

of inenia without increasing the weighl per unit 
length. 

3. Reduce driveshaft weight on supporting member by 
introducing a two piece driveshaft with a shaft sup­
port bearing. 

Factors Affecting Shaft Length 

The maximum length of a driveshaft is controlled by 
various faclors. Some of these factors are: 

I. Critical speed 
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2. Tubing outer diameter 
3. Tubing wall Ihickness 
4. 'Driveshaft weight 
5. Spline slip section between joint centers or outboard 

of join! centers 
6. Driveshaft end supporting member rigidity 
7. Precision of rotational axis coinciding with geometric 

axis. 
8. Fit of slip spline member 
9. Clearance along axis of cross trunnions 
In general, these factors have the following effects on 

the length: 
I. Critical speed increase -+ length decrease 
2. Tubing outer diameter increase wjthout an increase In 

weight per unit length -+ length increase 
3. Tubing wall thickness increase -+ length decrease 
4. Driveshaft weight increase -+ length decrease 
5. Spline slip between joint centers -+ length decrease 
6. Driveshaft end support stiffness (as attached to solid 

frame) increase -+ length decrease 
7. Precision of rotational axis increase ....,-Jo length increase 
8. Looser spline fit -+ length decrease 
9. Clearance along cross trunnion axis increase -+ length 

dec .... , 

Nonuniform Section Shafts 

The previous equations for critical speed are based on 
the shaft having a unifonn moment of inertia or section 
size. For a driveshaft having a variable cross section and 
moment of inertia along its length due to universal joints. 
swaged tubing, splined couplings and so forth. and if the 
shaft material is nonhomogeneous in character. the compu­
tations for critical speed are more complicated. For such a 
shaft. the Rayleigh or Stodola methods can be used, which 
are described in various mechanical vibration textbooks as 
indicated in the references. These methods involve a com­
bination of analytical and graphical procedures which. can 
easily be programmed for use on a computer, The most 
common example of a nonhomogeneous section shaft is the 
rubber element tube driveshaft. This type of shaft, as weU 
as typical physical properties of the clastomeric section 
necessaI)' for computations, are described in the chapter on 
Vibration Control. 

Critical Speed CbarIs 

Figs. 6-9 are charts of theoretically calculated critical 
speeds for round tubular steel driveshafts of the more com­
monly used tube outside diameters and wall thicknesses. 
When using the values from the charts, the appropriate safe 
speed factor should be applied to determine the maximum 
safe operating speed. The charts should be used only when 
other means of detennining the critical speed are not 
available. 
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o. D. Tube 1%" 2" 2%" 
Wan Thlcknea, in. .1!O .011 .016 .114 .101 .0.6 .DII .DIli .114 .111 .016 .011 .016 

36 8390 B568 8656 9603 9723 9791 9849 9938 12164 12286 12355 12414 12504 
37 7942 Bll1 8194 9091 9205 9269 9324 9408 11516 11631 11696 11752 11837 
38 7530 7690 7769 8619 8727 8787 8840 8920 10918 11027 11089 11142 11222 
39 7148 7300 7375 8183 8285 8343 8392 8468 10365 10468 10527 10578 10654 
40 6796 6940 7011 7779 7876 7931 7978 8050 9853 9952 10007 10055 10128 
41 6468 6605 6673 7404 7496 7549 7594 7662 9378 9472 9525 9571 9640 
42 6164 6295 6359 7055 7143 7193 7236 7302 8937 9026 9077 9121 9186 
43 5880 6005 6067 6731 6815 6863 6904 6966 8526 8611 8660 8701 "8764 
44 5616 5735 5794 6429 6509 6554 6593 6653 8143 8224 8271 8310 8370 
45 5369 5483 5540 6146 6223 6266 6304 6361 7785 7863 7907 7945 8002 
46 5138 5248 5302 5882 5955 5997 6033 6087 7450 7525 7567 7603 7658 
47 4922 5027 5078 5634 5704 5744 5779 5831 7137 7208 7249 7283 7336 
48 4719 4819 4869 5402 5469 5507 5540 5590 6842 6911 6950 6983 7033 
49 4528 4625 4672 5184 5248 5285 5316 5364 6566 6632 6669 6701 6749 
50 4349 4442 4487 4978 S040 5076 5106 5152 6306 6369 6405 6435 6482 
51 4180 4269 4313 4785 4845 4879 4908 4952 6061 6122 6156 6186 6230 
52 4021 4106 4149 4603 4660 4693 4721 4763 5830 5889 5922 5950 5993 
53 3871 3953 3994 4431 4486 4517 4544 4585 5612 5668 5700 5728 5769 
54 3729 3808 3847 4268 4321 4352 4377 4417 5406 5460 5491 5517 5557 
55 3594 3671 3708 4114 4166 4195 4220 4258 5212 5264 5293 5319 5357 
56 3467 3541 3577 3969 4018 4046 4070 4107 5027 5077 5106 5130 5167 
57 3347 3418 3453 3831 3878 3906 3929 3964 4852 4901 4928 4952 4988 
58 3232 3301 3335 3700 3746 3772 3795 3829 4686 4733 4760 4783 4817 
59 3123 3190 3223 3575 3620 3645 3667 3700 4529 4574 4600 4622 4655 
60 3020 3084 3116 3457 3500 3525 3546 3578 4379 4423 4448 4469 4501 
61 2922 2984 3015 3345 3386 3410 3430 3461 4237 4279 4303 4324 4355 
62 2829 2889 2918 3238 3278 3301 3321 3351 4101 4142 4165 4185 4216 

en 63 2739 2798- 2826 3136 3175 3197 3216 3245 3972 4012 4034 4054 4083 
W 64 2654 2711 2739 3039 3076 3098 3116 3145 3849 3887 3909 3928 3956 
::c 65 2573 2628 2655 2946 2983 3003 3021 3049 3731 3769 3790 3808 3835 
U 66 2496 2549 2575 2857 2893 2913 2930 2957 3619 3655 3676 3693 3720 
Z 67 2422 2474 2499 2773 2807 2827 2844 2869 3512 3547 3567 3584 3610 - 68 2351 2401 2426 2692 2725 2744 2761 2785 3409 3443 3463 3479 3505 
Z 69 2284 2332 2356 2614 2647 2665 2681 2705 3311 3344 3363 3379 3404 - 70 2219 2266 2289 2540 2572 2590 2605 2629 3217 3250 3268 3283 3307 

::c 71 2157 2203 2225 2469 2500 2517 2532 2555 3127 3159 3176 3192 3215 

t; 72 2097 2142 2164 2401 2431 2448 2462 2485 3041 3071 3089 3104 3126 
73 2040 2084 2105 2335 2365 2381 2395 2417 2958 2988 3005 3019 3041 

Z 74 1986 2028 2049 2273 2301 2317 2331 2352 2879 2908 2924 2938 2959 
W 75 .... 1974 1994 2213 2240 2256 2269 2290 2803 ·2831 2847 2860 2881 ... 76 .... .. .. . ... 2155 2182 2197 2210 2230 2729 2757 2772 2785 2806 

77 .... .... .... 2099 2125 2140 2153 2172 2659 2686 2701 2714 2733 
78 ... . .. .. . ... 2046 2071 2086 2098 2117 2591 2617 2632 2644 2664 
79 .... .... . ... 1994 2019 2033 2045 2064 2526 2551 2566 2578 2597 
80 .... .. .. .... . ... 1969 1983 1994 2013 2463 2488 2502 2514 2532 
81 .... .... ... .. .... .... . ... . ... 1963 2403 2427 2440 2452 2470 
82 .... . ... ... . .... .. .. . ... . ... . ... 2345 2368 2381 2393 2410 
83 ... . .... .... . ... .. .. ... . . ... . ... 2288 2311 2324 2335 2352 
84 .... .... .... .. .. ... . . ... .. .. . .. . 2234 2257 2269 2280 2297 
85 .... .... . ... .... . ... .... .... . ... 2182 2204 2216 2227 2243 
86 .. .. .... . .... .... . ... . .. . .... . ... 2132 2153 2165 2175 2191 
87 .... .... .... .... . ... .... . ... . ... 2083 2104 2115 2126 2141 
88 .. ... .... ..... . ... .... ..... . ... . .... 2036 2056 2068 2078 2093 
89 .... .... .. .. . ... .... .. .. . ... . ... 1990 2010 2021 2031 2046 
90 .. .. .. .. . .. . .... . ... .... .... .... .+ •• 1966 1977 1986 2001 
91 .... .... . .. . ... . .. .. ... . .... .. .. . ... . ... . .. . . ... 1957 
92 .... .... .... . ... .... ... . .... .. .. . ... . ... . ... . ... . ... 
9), .... . .. . .... .. .. .. .. .. .. . ... .... .... . ... . ... . .... . ... 
94 .... .... . ... ' ... .... .... .. .. .... . ... .... .... . ... . ... 
95 ..... .... .... .... .... .. .... .. .. . ... . ... . ... . ... . ... . .. . 
96 .. .. ... . .. .. ... . ... . . ... . ... .... . ... .... . .. . .. .. . ... 
97 .... ... . .... .. .. .... .... . ... .... .... . ... . ... . ... . ... 
98 .... .... .. .. .-... .... .. ... .... ... . . .. . . .. . . ... . ... . ... 
gg .. .. . ... . ... . ... . ... . . ... ..... . ... .. .. . ... . ... . ... . ... 

100 .. .. ... . ... . .... .. .. . ... . ... .... .. .. . ... .... . ... . .. . 
101 .... .... .... . ... . ... 
102 .... .... . ... . ... . .. 
103 ... . .... .... . ... . ... 
104 .... .... 

I I I I I 
... . .. .. . .... 

105 .... .... ... . . .. . .... .... .... . ... . ... I . ... I .... . ... . ... 
106 .... .... .... .... .. .. .... ... . .... .... . ... . ... . ... . ... 
107 ... . .... .... .... .... .... . ... .... .... . ... . ... . ... . ... 

Fig. 6 - Tubular driveshaft critical speed 
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3" 3%" 4/1 
.114 . 109 .0.5 .OS3 .065 .114 . 120 .109 .095 .on .065 .134 .120 .10t .0.5 .011 JII6 

14728 14850 14920 14979 15069 17292 17361 17415 17485 17545 17635 19857 19926 19981 20051 20111 20201 
13942 14058 14124 14181 14266 16370 16435 16487 16553 16609 16695 18798 18863 18915 18982 19039 19124 
13218 13328 13390 13444 13525 15520 15582 15630 15693 15747 15828 17821 17884 17933 17996 18050 18131 
12549 12653 12713 12764 12840 14734 14793 14839 14898 14950 15027 16919 16978 17025 17085 17136 17213 
11929 12029 12085 12133 12206 14006 14062 14106 14163 14211 14285 16084 16140 16184 16241 16290 16363 
11355 11449 11503 11549 11618 13332 13385 13427 13480 13527 13596 15309 15362 15405 15459 15505 15575 
10820 10910 10961 11005 11071 12704 12755 12795 12846 12890 12957 14589 14639 14680 14731 14775 14842 
10323 10409 10457 10499 10563 12120 12169 12207 12256 12298 12361 13918 13966 14005 14054 14096 14180 
9859 9941 9987 10028 10088 11576 11622 1\658 11705 11745 11805 13292 13339 13376 13422 13463 13523 
9426 9504 9549 9587 9644 11067 lllll 11146 :1190 \1229 \1287 12708 12753 12788 12833 12871 12929 
9020 9095 9138 9175 9230 10591 10633 10666 10709 10746 10801 12162 12204 12238 12281 12318 12373 
8641 8713 8753 8788 8841 10145 \0185 10217 10258 10293 10346 11650 11690 11723 11764 11799 11852 
8284 8353 8392 8426 8471 9727 9765 9796 9835 9869 9920 11169 11208 11239 11279 11312 11363 
7950 8016 8053 8086 8134 9334 9371 9400 9438 9470 9519 10718 10756 10785 10823 10855 10904 
7635 7698 7734 7765 7812 8964 ,9000 9028 9064 9095 9142 10294 10330 10358 10394 10426 10472 
7338 7399 7434 7464 7509 8616 8650 8678 8712 8742 8787 9894 9928 9956 9991 10021 10066 
7059 7118 7151 7180 7223 8288 8321 8347 8380 8409 8452 9517 9550 9577 9610 9639 9682 
6795 6852 6884 6911 6953 7978 8010 8035 8067 8095 8136 9161 9193 9219 9251 9279 9320 
6546 6600 6631 6658 6698 7685 7716 7740 7771 7798 7838 8825 8856 8880 8911 8938 8978 
6310 6362 6392 6418 6456 7408 7438 7461 7491 7517 7555 8507 8537 8560 8590 8616 8655 
6086 6137 6166 6191 6228 7146 7175 7197 7226 7251 7288 8206 8235 8257 8286 8311 8349 
5875 5924 5951 5975 6011 6898 6925 6947 6975 6999 7035 7921 7948 7970 7998 8022 8058 
5674 5721 5748 5771 5806 6662 6688 6709 6736 6759 6794 7650 7677 7698 7725 7748 7783 
5483 5529 5555 5577 5610 6438 6464 6484 6510 6532 6566 7393 1419 7439 7465 7487 7521 
5302 5346 5371 5393 5425 6225 6250 6270 6295 6316 6349 7148 7173 7193 7218 7240 7273 
5130 5172 5196 5217 5249 6023 6047 6066 6090 6l\1 6142 6916 6940 6959 6984 7005 7036 
4965 5007 5030 5050 5081 5830 5853 5872 5895 5915 5946 6695 6718 6736 6760 6780 6811 
4809 4849 4872 4891 4921 5646 5669 5687 5709 5729 5758 6484 6506 6524 6547 6567 6596 
4660 4699 4721 4740 4768 5471 5493 5510 5532 5551 5580 6283 6305 6322 6344 6363 6392 
4518 4555 4577 4595 4623 5304 5325 5342 5363 5382 5410 6091 6112 6129 6150 6169 6197 
4382 4418 4439 4457 4483 5145 5165 5181 5202 5220 5247 5908 5928 5945 5966 5983 6010 
4252 4287 4307 4325 4351 4992 5012 5028 5048 5065 5091 5733 5753 5769 5789 5806 5832 
4128 4162 4182 4198 4224 4847 4866 4881 4901 4917 4943 5565 5585 5600 5620 5637 5662 
4009 4042 4061 4078 4102 4707 4726 4741 4760 4776 4801 5405 5424 5439 5458 5474 5499 
3895 3928 3946 3962 3986 4574 4592 4606 4625 4640 4664 5252 5270 5285 5303 5319 5343 
3786 3818 3836 3851 3874 4446 4463 4477 4495 4511 4534 5105 5123 5137 5155 5170 5194 
3682 3713 3730 3745 3767 4323 4340 4354 4371 4386 4409 4964 4981 4995 5013 5028 5050 
3582 3612 3628 3643 3665 4205 4222 4235 4252 4267 4289 4829 4846 4859 4876 4891 4913 
3486 3515 3531 3545 3566 4092 4109 4122 4138 4152 4174 4699 4716 4729 4745 4760 4781 
3393 3422 3437 3451 3472 3984 4000 4012 4029 4042 4063 4575 4591 4604 4620 4634 4654 
3305 3332 3348 3361 3381 3880 3895 3908 3923 3937 3957 4455 4471 4483 4499 4512 4533 
3219 3246 3261 3274 3294 3780 3795 3807 3822 3835 3855 4340 4356 4368 4383 4396 4416 
3137 3163 3178 3191 3210 3683 3698 3710 3725 3737 3757 4230 4245 4256 4271 4284 4303 
3058 3084 3098 3111 3129 3591 3605 3616 3631 3643 3662 4123 4138 4149 4164 4176 4195 
2982 3007 3021 3033 3052 3502 3516 3527 3541 3553 3571 4021 4035 4046 4060 4072 4091 
2909 2933 2947 2959 2977 3416 3429 3440 3454 3466 3484 3922 3936 3947 3961 3973 3990 
2839 2862 2876 2887 2905 3333 3346 3357 3370 3382 3399 3827 3841 3851 3865 3876 3B94 
2771 2794 2807 2818 2835 3253 3266 3276 3289 3301 3318 3736 3749 3759 3772 3783 3800 
2705 2728 2740 2751 2768 3176 3189 3199 3212 3223 3239 3647 3660 3670 3683 3694 3710 
2642 2664 2676 2687 2703 3102 3114 3124 3136 3147 3163 3562 3574 3584 3597 3607 3624 
2581 2602 2614 2625 2641 3030 3042 3052 3064 3074 3090 3479 3492 3501 3513 3524 3540 
2522 2543 2555 2565 2580 2961 2973 2982 2994 3004 3020 3400 3412 3421 3433 3444 3459 
2465 2485 2497 2507 2522 2894 2905 2915 2926 2936 2951 3323 3335 3344 3356 3366 3381 
2410 2430 2441 2451 2466 2829 2841 2849 2861 2871 2885 3249 3260 3269 3281 3290 3305 
2356 2376 2387 2397 2411 2767 2778 2786 2798 2807 2822 3177 3188 3197 3208 3218 3232 
2305 2324 2335 2344 2358 2706 2717 2726 2736 2746 2760 3108 3118 3127 3138 3147 3162 
2255 2274 2284 2294 2307 2648 2658 2667 2677 2686 2700 3040 3051 3059 3070 3079 3093 
2207 2225 n36 2245 2258 2591 2601 2610 2620 2629 2643 2975 2986 2994 3004 3014 3027 
2160 2178 2188 2197 2210 2536 2546 2554 2565 2573 2587 2912 2923 2931 2941 2950 2963 
2115 2133 2142 2151 2164 2483 2493 2501 2511 2519 2532 2851 2861 2869 2879 2888 2901 
2071 2088 2098 2106 2119 2432 2441 2449 2459 2467 2480 2792 2802 2810 2820 2828 2841 
2029 2045 2055 2063 2076 2382 2391 2399 2408 2417 2429 2735 2745 2752 2762 2770 2783 
1987 2004 2013 2021 2034 2333 2343 2350 2359 2368 2380 2680 2689 2696 2706 2714 2726 
' •• 4 1964 1973 1981 1993 2287 2296 2303 2312 2320 2332 2626 2635 2642 2651 2659 2671 .... . ... . ... .... . ... 2241 2250 2257 2266 2274 2286 2573 2582 2590 2599 2606 2618 
.... . ... .... .... . ... 2197 2206 2213 2221 2229 2240 2523 2532 2538 2547 2555 2567 .... .... . ... ... . . ... 2154 2163 2169 m8 2186 2197 2473 2482 2489 2498 2505 2516 .... .... . ... . ... . ... 2112 2121 2127 2136 2143 2154 2426 2434 2441 2449 2457 2468 ... . .... . ... . ... . ... 2072 2080 2087 2095 2102 2113 2379 2388 2394 2403 2410 2421 .... .... . .... .... . ... 2033 2041 2047 2055 2062 2073 2334 2342 2349 2357 2364 2375 
.... .... . ... ... . . ... 1995 2002 2009 2017 2024 2034 2290 2298 2305 2313 2320 2330 ... . . ... .... . ... .. . ~ . ... 1965 1971 1979 1986 1996 2248 2256 2262 2270 2277 2287 

Fig. 7 - Tubular driveshaft critical speed 
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O. D. Tube 4%" 5" 
Wall Thlckn .... in. .23t .!OJ .116 .114 .10t .8a .016 .23t .ZU .1'& .114 .101 .oa .Dt& 

36 21911 22082 22268 22422 22547 22677 22768 24474 24646 24833 24987 25112 25243 25334 
37 20743 20904 21081 21226 21344 21468 21554 23169 23331 23509 23655 23173 23897 23983 
38 19666 19818 19986 20124 20236 20353 20434 21966 22120 22288 22426 22538 22656 22738 
39 18670 18815 18974 19105 19211 19322 19400 20854 21000 21160 21291 21397 21509 21586 
40 17748 17886 18037 18162 18263 18368 18442 19824 19963 20115 20240 20341 20447 20521 
41 16893 17024 17168 17286 17383 17483 17553 18869 19001 19146 19264 19361 19462 19532 
42 16098 16223 16360 16473 16565 16661 16727 17981 18107 18245 18358 I84SO 18546 18613 
43 15358 15477 15608 15716 15803 15895 15958 17154 17275 17406 17514 17602 17693 17757 
44 14668 14782 14907 I SOlO 15093 15180 15241 16384 16498 16624 16727 16811 16898 16959 
45 14023 14132 14252 143SO 14430 14513 14571 15664 15773 15893 15992 16072 16156 16214 
46 13420 13524 13639 13733 13809 13889 13945 14990 15095 15210 15304 15381 15461 15517 
47 12855 12955 13065 13155 13228 13304 13358 14359 14459 14569 14660 14733 14810 14863 
48 12325 12421 12526 12612 12682 12756 12807 13767 13863 13969 14055 14126 14199 142SO 
49 11827 11919 12020 12103 12170 12240 12290 13211 13303 13404 13487 13555 13626 13675 
50 11359 11447 11544 11623 11688 11756 11803 12687 12716 12874 12953 13018 13086 13133 
51 10918 11003 11096 11172 11234 11299 11345 12195 12280 12374 12450 12513 12578 12623 
52 10S02 10583 10673 10746 10806 10869 10912 11730 11812 11902 11976 12036 12099 12142 
53 10109 10188 10274 10345 10402 10463 10S05 11292 11371 11457 11528 11586 11646 11688 
54 9738 9814 9897 9965 10021 10079 10119 10877 10954 11037 11105 11161 11219 11260 
55 9387 9460 9540 9606 9660 9715 9754 10485 10559 10639 10705 10759 10815 10854 
56 9055 9126 9203 9266 9318 9312 9409 10114 10185 10263 10326 10378 10432 10470 
57 8740 8808 8883 8944 8994 9046 9082 9763 9831 9906 9967 10017 10069 10106 
58 8441 8507 8579 8638 8686 8736 8771 9429 9495 9567 9626 9675 9725 9760 
59 8158 8221 8291 8348 8394 8443 8477 9112 9176 9246 9303 9349 9398 9432 
60 7888 7949 8017 8072 8117 8164 8196 88JJ 8872 8940 8995 9040 9087 9120 
61 7632 7691 7756 7809 7853 7898 7930 8524 8584 8649 8703 8746 8792 8824 
62 7387 7445 7508 7559 7602 7645 7676 8251 8309 8372 8424 8467 8511 8541 

en 63 7155 7210 7271 7321 7362 7405 7434 7992 8048 8109 8159 8200 8243 8272 
W 64 6933 6987 7046 7094 7134 7175 7204 7744 7798 7857 7906 7946 7987 8016 

~ 65 6721 6773 6831 6878 6916 6956 6984 7507 7560 7617 7665 7703 7743 7771 
(,) 66 6519 6570 6625 6671 6708 6747 6774 7282 7333 7388 7434 7471 7510 7537 
Z 67 6326 6375 6429 6473 6509 6547 6573 7066 7115 7169 7214 72SO 7288 7314 - 68 6141 6189 6241 6284 6319 6356 6381 6860 6908 6960 7003 7038 7075 7101 

Z 69 5965 6011 6062 6103 6137 6173 6198 6662 6709 6760 6802 6836 6871 6896 - 70 5795 5840 5890 5930 5963 5998 6022 6473 6518 6568 6609 6642 6677 6701 

~ 71 5633 5677 5725 5764 5797 5830 5853 6292 6336 6384 6424 6456 6490 6513 

.... 72 5478 5520 5567 5605 5637 5669 5692 6119 6161 6208 6247 6278 6311 6334 

CJ 73 5329 5370 5416 5453 5483 5515 5537 5952 5994 6039 6077 6101 6139 6161 
74 5186 5226 5270 5307 5336 5367 5388 5792 5833 5877 5914 5943 5974 5996 Z 75 5048 S088 5131 5166 5195 5225 5246 5639 5678 5722 5757 5786 5816 5837 W .... 76 4916 4955 4996 5031 S059 5088 5109 5491 5530 5572 5607 5635 5664 5684 
77 4790 4827 4868 4901 4928 4957 4977 53SO 5387 5428 5462 5489 5518 5538 
78 4668 4704 4744 4776 4803 4831 4850 5213 5250 5290 5323 5349 5377 5397 
79 4550 4585 4624 4656 4682 4709 4728 5082 5118 5157 5189 5215 5242 5261 
80 4437 4472 4509 4540 4566 4592 4611 4956 4991 5029 5060 5085 5112 5130 
81 4328 4362 4399 4429 4454 4479 4497 4834 4868 4905 4936 4960 4986 5004 
82 4223 4256 4292 4322 4346 4371 4388 4717 47SO 4786 4816 4840 4865 4883 
83 4122 4154 4189 4218 4242 4266 4283 4604 4636 4672 4701 4724 4749 4766 
84 4025 4056 4090 4118 4141 4165 4182 4495 4527 4561 4589 4612 4636 4653 
85 3930 3961 3994 4022 4044 4068 4084 4390 4421 4455 4482 4S05 4528 4544 
86 3840 3869 3902 3929 3951 3974 3990 4289 4319 4352 4378 4400 4423 4439 
87 3752 3781 3813 3839 3861 3863. 3898 4191 4220 4252 4278 4300 4322 4338 
88 3667 3695 3727 3752 3773 3795 3810 4096 4125 4156 4182 4203 4225 4240 
89 3585 3613 3643 3669 3689 3710 3725 4004 4032 4063 4088 4109 4130 4145 
90 3506 3533 3563 3587 3607 3628 3643 3916 3943 3973 3998 4018 4039 4053 

91 3429 3456 3485 3509 3529 3549 3563 3830 3857 3886 3911 3930 3951 3965 
92 3355 3381 3410 3433 3452 3472 3486 3747 3774 3802 3826 3845 3865 3879 
93 3283 3309 3337 3360 3378 3398 3412 3667 3693 3721 3744 3763 3783 3796 
94 3214 3239 3266 3289 3307 3326 3339 3590 3615 3642 3665 3683 3702 3716 
95 3146 3171 3198 3220 3238 3256 3270 3515 3539 3566 3588 3606 3625 3638 

96 3081 3105 3131 3153 3171 3189 3202 3442 3466 3492 3514 3531 3550 3563 
97 3018 3042 3067 3088 3106 3124 3136 3371 3395 3421 3442 3459 3477 3490 
98 2957 2980 3005 3026 3043 3060 3072 3303 3326 3351 3372 3389 3406 3419 
99 2897 2920 2945 2965 2981 2999 3011 3236 3259 3284 3304 3321 3338 3350 

100 2840 2862 2886 2906 2922 2939 2951 3172 3194 3218 3238 3255 3271 3283 

101 2784 2805 2829 2849 2864 2881 2893 3109 3131 3155 3175 3190 3207 3219 
102 2729 2751 2774 2793 2809 2825 2836 3049 3070 3093 3113 3128 3144 3156 
103 2677 2697 2720 2739 2754 2770 2781 2990 3011 3034 3052 3068 3084 3095 
104 2625 2646 2668 2687 2702 2717 2728 2933 2953 2976 2994 3009 3025 3036 
105 2576 2596 2618 2636 2650 2666 2676 2877 2897 2919 2937 2952 2967 2978 

106 2527 2547 2568 2586 2601 2616 2626 2823 2843 2864 2882 2897 2912 2922 
107 2480 2500 2521 2538 2552 2567 2577 2770 2790 2811 2828 2843 2857 2868 

Fig. 8 - Tubular driveshaft critical speed 
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5%" 6" 
.01 .201 .116 .lS4 .101 .oU .016 .al .201 .116 .114 .lot .MS .otI 

27038 27210 27398 27553 27678 27809 27901 29602 29775 29964 30119 30244 30376 30467 
25596 25759 25937 26084 26202 26326 26413 28024 28187 28366 28513 28632 28756 28842 
24267 24421 24590 24729 24841 24959 25041 26568 26723 26893 27032 27144 27262 27344 
23038 23185 233tS 23477 23584 23095 23773 25223 25370 25531 25663 25770 25882 25960 
21901 22040 22193 22318 22419 22525 22599 23978 24118 24271 24396 24498 24li04 24078 
20845 20978 21123 21242 21339 21440 21Sll 22822 22956 23101 23221 23317 23419 23489 
19865 19991 20129 20243 20335 20431 20498 21749 21875 22014 22128 22220 22317 22384 
18951 19072 19204 19312 19400 19492 19556 20749 20870 21002 21111 Z1199 21291 21355 
18100 18215 18341 18444 18528 18616 18677 19816 19932 20058 20162 20240 20334 20395 
17304 17414 17535 17634 17714 17798 17856 18945 19056 \9177 19276 19356 19440 19499 
16560 16665 16781 16875 16952 17032 17088 18131 18230 18352 18447 18524 18604 18660 
15863 15964 16074 16165 16238 16315 16309 17367 17469 17579 17670 17744 17821 17875 
15209 15306 15412 15498 15569 15643 15694 16651 16748 16855 16942 17012 17086 17138 
14594 1468'1 14789 14872 14940 15011 15060 15979 16072 16174 16257 16325 16396 16445 
14016 14106 14203 14283 14348 14416 14464 15346 15435 15533 15614 15679 15747 15794 
13472 13558 13652 13729 13791 13856 13902 14750 14836 14930 15007 1S070 15135 15181 
12959 13041 13132 13206 13266 13329 13372 14188 14271 14361 14430 14496 14559 141i02 
12475 12554 12641 12712 12770 12830 12873 13058 13737 13824 13896 13954 14015 14057 
12017 12093 12177 12246 12301 12360 12400 13157 13233 13317 13386 13442 13500 13541 
11584 11658 11738 11804 11858 11914 11953 12682 12756 12837 12904 12958 13014 13053 
11174 11245 11323 11387 11438 11493 11530 12234 12305 12383 12447 12499 12553 12591 
10785 10854 10929 10991 11041 11093 11129 11808 11877 11952 12014 12064 12117 12153 
10416 10483 10555 10615 10663 10714 10749 11404 11471 11544 11603 11652 11702 11737 
10066 10130 10201 10258 10305 10354 10388 11021 11085 11156 11213 11260 11309 11343 
9734 9796 9863 9919 9964 10011 10044 10657 10719 10787 10843 10888 10935 10968 
9417 9477 9543 9596 9640 9686 9718 10310 10370 10436 10490 10534 10580 10611 
9116 9174 9237 9289 9332 9376 9407 9980 10039 10102 10154 10197 10241 10272 
8829 8885 8946 8997 9038 9081 9110 9666 9722 9784 9835 9876 9919 9948 
8555 8609 8669 8718 8758 8799 8828 9306 9421 9481 9530 9569 9611 9640 
8294 8347 8404 8452 8490 8530 8558 9080 9133 9191 9239 9277 9318 9341i 
8044 8096 8152 8198 8235 8274 8301 8807 8859 8915 8961 8998 9037 9064 
7806 7856 7910 7955 7991 8029 8055 8546 8596 8651 8695 8732 8770 8796 
7578 7626 7679 7722 7758 7794 7820 8297 8345 8398 8442 8477 8514 8539 
7360 7407 7458 7500 7534 7570 7595 8058 8105 8156 8199 8233 8269 8293 
7151 7197 7247 7287 7321 7355 7379 7829 7875 7925 7966 7999 8034 8058 
6951 6995 7044 7084 7116 71 SO 7173 7610 7655 7703 7743 7776 7809 7833 
6759 6802 68SO 6888 6920 6952 6975 7401 7444 7491 7530 7561 7594 7617 
6576 6617 6663 6701 6731 6763 6785 7199 7241 7287 7325 7355 7387 7409 
6399 6440 6484 6521 6551 6582 6603 7006 7047 7091 7128 7158 7189 7211 
6230 6269 6313 6348 6377 6407 6428 6820 6860 6904 6939 6968 6999 7020 
6067 6105 6148 6182 6210 6240 6260 6642 6681 6723 6758 6786 6816 6836 
5910 5948 5989 6023 6050 6079 6099 6471 6S08 65SO 6584 6611 6640 6660 
5760 5796 5836 5869 5896 5924 5943 6306 6343 6383 6416 6443 6471 6490 
5615 56SO ,5689 5722 5748 5775 5794 6147 6183 6222 6254 6280 6308 6327 
5475 5510 5548 5579 5605 5631 5650 5994 6029 6068 6099 6124 6151 6170 
5341 5375 5412 5443 5467 5493 5511 5847 5881 5919 5949 5974 6000 6018 
5211 5244 5281 5311 5335 5360 5378 5706 5739 5775 5805 5829 5855 5872 
S087 5119 5154 5183 5207 5232 5249 5569 5601 5637 5666 5690 5714 5732 
4966 4998 5032 5061 5084 5108 5125 5437 5469 5S04 5532 5555 5579 5596 
48SO 4881 4915 4942 4965 4988 5005 5310 5341 5375 5403 5425 5449 54Ii5 
4738 4768 4801 4828 4850 4873 4889 5187 5217 5251 5278 5300 5323 5339 
4630 4659 4691 4718 4739 4762 4777 5069 5098 5\31 5157 5179 5201 5217 
4525 4554 4585 4611 4632 4654 4669 4954 4983 SOlS 5041 5062 5084 S099 
4424 4452 4483 4S08 4529 4SSO 4565 4843 4872 4903 4928 4948 4970 4985 
4326 4354 4384 4408 4428 4449 4464 4736 4764 4794 4819 4839 4860 4875 
4231 4258 4288 4312 4332 4352 4367 4633 4Ii6O 4689 4714 4733 4754 4768 
4140 4166 4195 4219 4238 4258 4272 4533 4559 4588 4612 4031 4051 4665 
4051 4077 4105 4129 4147 4167 4181 4436 4402 4490 4513 4532 4552 4S65 
3966 3991 4019 4041 4060 4079 4092 4342 4367 4395 4418 4436 4455 4469 
3883 3907 3934 3957 3975 3993 4007 4251 4276 4303 4325 4343 4362 4375 
3802 3826 3853 3875 3892 3911 3924 4163 4187 4214 4235 4253 4272 4284 
3724 3748 3774 3795 3812 3830 3843 4077 4101 4127 4149 4166 4184 4197 
3649 3672 3697 3718 3735 3753 3765 3995 4018 4043 4064 4081 4099 41ll 
3575 3598 3023 3643 3660 3677 3689 3914 3937 3962 3983 3999 4017 4029 
3504 3526 3551 3571 3587 3604 3016 3836 3859 3883 3903 3920 3937 3948 
3435 3457 3481 3500 3516 3533 3545 3761 3783 3807 3826 3842 3859 3871 
3368 3389 3413 3432 3448 3464 3476 3687 3709 3732 3752 3767 3784 3795 
3303 3324 3347 3366 3381 3397 3408 3616 3637 3660 3679 3695 3711 3722 
3240 3260 3283 3301 3316 3332 3343 3547 3568 3590 3609 3624 3640 3651 
3178 3199 3221 3239 3254 3269 3280 3480 3500 3522 3540 3555 3571 3581 
l\l9 3138 3160 3178 3192 3208 3218 3414 3434 3456 3474 3488 3504 3514 
3061 3080 3101 3119 3133 3148 3158 3351 3370 3392 3409 3424 3438 3449 

Fig. 9 - Tubular driveshaft critical speed 
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Chapter 11 

Testing Procedures 
C. E. Cooney - Mechanics Div., Borg Warner Corp. 

E. R. Wagner, P. E. - Saginaw Steering Gear Div., GMC 

Introduction 

The purpose of testing universal joints, other driveshaft com­
ponents, and complete driveshaft assemblies is to perfonn a com­
prehensive evaluation of the individual component or assembly 
function, durability, and reliability characteristics. The evalua­
tion of a driveshaft by laboratory or vehicle testing is most impor­
tant, because such tests will yield results which substantiate that 
the design can or cannot perfonn satisfactorily in the actual appli­
cation. Generally, testing procedures are oriented towards an ac­
celerated simulation to define these desired characteristics. 

There are many types of laboratory and vehicle tests that can be 
used to substantiate or predict the perfonnance of a universal joint 
ordriveshaft assembly. Laboratory testing facilities or equipment 
of various types are available that can be programmed to simulate 
the actual operating modes to which tbe component is subjected. 
However, experience is necessary to plan and organize a labora­
tory test program and to interpret the results as to their acceptabil­
ity for the particular requirement. 

When a vehicle perfonnance can be measured, a duty cycle set 
up or analytically established, it is within the scope of existing test 
facility capability to execute a controlled test program that will 
duplicate these requirements in the laboratory. For example, a 
particular test can be perfonned at fixed conditions of torque, 
speed, and joint angle, and carried out at several different fixed 
test conditions. A life curve can be established from this data 
which can be used to evaluate other operating conditions. Analyt­
ical procedures can be used to extrapolate existing known test 
results and, from this data, a design can be evaluated for a dif­
ferent requirement. 

The integrity, control, and physical and mechanical properties 
of the component being tested can contribute significantly to the 
value of the test. Therefore, when conducting a test, consideration 
must be given to the variations in the dimensions and the mechan­
ical properties of the test sample or specimen. Whenever possi­
ble, it is good practice to carefully record and identify all applica­
ble specimen characteristics before the test. In addition, a speci­
men shou1d be thoroughly analyzed metallurgically after the test 
has been completed. Metallurgical characteristics should be 
evaluated in conjunction with the test results. Nondestructive 
metallurgical tests are also beneficial before a specimen is tested. 
Test facilities should be designed so that the test conditions can be 
calibrated and, if possible, monitored during the test. 

Many different types of tests are necessary to establish that a 
particu1ar universal joint is an acceptable design for the intended 
application. Universal joints are applied in many different types 
of physical and environmental applications. In some applications, 
the joint is subjected to a steady state torque load at a given speed 

and joint angle. In others, the torque, speed, and joint angles may 
~l be subject to variation . In still other applications, there are 
relatively high torque excursions or shock peaks which cause a 
reduction in bearing and fatigue life of the joint components . 
Some joints operate in relatively clean environments under nor­
mal temperature conditions, while other joints may be required to 
operate submerged in great depths of sea water. For a given joint, 
a nonnal operating environment may be in a relatively hot atmos­
phere with a heavy concentration of abrasive dust and dirt. This 
same joint may also be exposed to water, salt, mud, snow, and 
extreme temperatures ranging from hot to cold. 

In general, the purpose of the joint is to transmit power through 
an angle and withstand exposure to the many adverse environ­
mental conditions. Therefore, it is important when planning or 
organizing tests that suitable test programs be selected, which by 
proper simulation of actual operating conditions will produce 
meaningful results. However, due to the many types of applica­
tions and environments, it is economically impossible to conduct 
simulated laboratory tests for each application. Laboratory test 
procedures are no substitute for actual vehicle experience, 
whether obtained under controlled test conditions or in actual field 
usage. Actual vehicle tests using production components and 
which incorporate production variables provide the most com­
prehensive evaluation of the design . 

Laboratory Testing 

Laboratory tests for complete driveshaft assemblies, universal 
joints, or other driveshaft components are generally classified in 
categories and described as follows: 

Ultimate Torque Test 

In this test, a torque load is applied statically at a controlled rate 
to a driveshaft assembly or universal joint until a failure occurs. 
The specific purpose of this test is to identify the failure point in 
the assembly or component. Fig. I illustrates a typical torsion test 
machine. 

Common torsion test machines are designed so that the rate at 
which the torque load is applied may be controlled as desired. 
These torsion test machines are also equipped with a means for 
plotting on graph paper the torque load versus angular deflection. 
This graph can then be used to establish the yield point by com­
monly used techniques such as the 0.1 % offset method or the 
Johnson's Apparent Elastic Limit (JAEL) method described in 
Appendix L. 

In a typical uruversal joint ultimate torque test, the yield point is 
genera1Iy difficult to distinguish from the u1timate failure point 
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Fig. 1 - Torsion test machine 

Fig. ·2 - Four-square wear test facility 

because of the relatively high material hardness and because the 
two values are nearly identical. 

Wear Test 

A universal joint has bearing contact suxfaces which are neces­
sary for the perrorinance of its required function and are, there­
fore, subject to wear. These bearings may be of the plain or the 
rolling element bearing types. In order to investigate or determine 
the wear characteristics of these bearings, the universal joint must 
be operated at fixed conditions of torque, speed, and joint angle, 
or at variable torques, speeds, and joint angles. 

A stress analysis and a study of the capabilities of the joint 
should be made before establishing a test procedure or program. 
The purpose of the test may be to evaluate the joint design for a 
specific application or to develop empirical data for future refer­
ence. A Weibull analysis procedure can be used to evaluate test 
results and to establish a life expectancy curve. The confidence 
level of the analysis or the curve depends on the accuracy and 
reliability of the test data developed. 

STATIC TORQUE APPLIED 
BY ROTATING COUPLING 
FLANGES IN OPPOSITE ~ 
~~E~~ION~S ~ 
I . I 

I I 

. =-- . ---
DRIVESHAFT 

Fig. 3 - Four-square wear test machine with static torque 
application means 

Fig. 4 - Four-square test facility for axle driveshafts 

The most economical test facility for investigating or evaluat­
ing the wear characteristics of a universal joint is a typical four­
square test machine shown in Fig. 2. Usually, two or four 
driveshafts are tested simultaneously in a closed loop arrangement 
fOIDled by these driveshafts and two gear boxes which are located 
at each end of the machine. These gear boxes commonly have 
one-to-one gear ratios or they can have a different ratio as long as 
both gear boxes have identical ratios. The gear boxes are gener­
ally located on a bed plate so that they can be positioned as 
required to accommodate various driveshaft lengths and joint 
angles and then locked down. When testing driveshafts with non­
constant velocity joints, the joint angles must be equal at both 
ends or be selected to provide adequate cancellation. 

Fig. 3 illustrates schematically a simple two station, four­
square configuration. The test load is applied statically by twist­
ing one shaft relative to its mating shaft to a prescribed torque and 
then locking the two shafts together as shown. In more complex 
designs, the torque can be applied dynamically through hydraulic 
or electric circuits. The system is driven by an electric motor 
located externally from the closed loop. The common four-square 
facility can test driveshafts at a constant torque, speed, and joint 
angle. 
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Also, there are more elaborate four-square facilities that can 
test driveshafts at variable torque, speed, and joint angles to simu­
late actual operating conditions. Generally, these machines are 
tape-controlled and thus typical vehicle test conditions can be 
accurately duplicated in the laboratory with a duty cycle obtained 
from an instrumented vehicle operating on an actual test run or 
schedule. Such a four-square test facility is shown in Fig. 4 for 
testing axle driveshafts for front wheel drive vehicles. 

It is extremely important that the proper torque load be main­
tained in the closed loop of the four-square facility. In a simple 
four-square machine, some load drop may occur as the test pro­
gresses. If too great a load drop is pennitted, the test accuracy 
may be questionable. The simplest static load measuring devices 
are torque wrenches, levers loaded by weights, and beam scales. 
Torque cells and torque transducers are more elaborate load 
measuring devices which are installed in the closed loop system to 
monitor the torque load as desired. 

Also, in a typical wear test the temperatures of the universal 
joints are often monitored to measure the progress of wear. In­
frared radiation sensors and various types of pyrometers can be 
used to measure temperature during the course of the test. 

lt is good practice to incorporate in the test facility, devices for 
terminating the wear test. The test can be terminated by load 
sensing devices which shut off the test facility when the torque 
either exceeds or drops below a specified range. Also, the test can 
be tenninated when the universal joint temperature exceeds a 
specified maximum level as monitored by the temperature sens­
ing devices. 

In evaluating the results of a typical four-square wear test, the 
variations in mechanical properties and dimensional tolerances of 
the specimens can produce a spread in test results which may be 
confusing. Two different procedures can be used to analyze these 
test results. One procedure is to specify that the specimen must 
operate for a given number of hours at fixed conditions of torque, 
speed, and joint angle with no surface fatigue or damage. Another 
procedure is to specify that the specimen must operate for a given 
number of hours at fixed conditions of torque, speed, and joint 
angle and still be operable at the end of this period. 

The most accurate test results are produced with constant con­
ditions of torque, speed, and joint angle, and the data thus ob­
tained is most effectively utilized in establishing useful empirical 
data. The most accurate life curves are developed when the point 
of failure is accurately controlled and the mechanical and dimen­
sional characteristics of the specimens are reasonably similar. 

In addition to commonly used four-square facilities, a 
dynamometer setup can also be utilized to wear test universal 
joints. The test has to be properly controlled and monitored and a 
procedure has to be defined to evaluate the test results . 

Fatigue Test 

A driveshaft and its components such as the universal joints are 
subjected to repeated torsional loads of varying magnitude and 
direction during actual service. Depending on the specific appli­
cation, these loading conditions can consist of zero to maximum 
loads, completely reversed loads, or mean plus alternating loads. 

A fatigue test can be conducted so as to simulate the loading 
conditions encountered. It is preferable to duplicate the loads and 
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Fig. 5 - Mechanical type fatigue test fixture 

stresses developed in the application. However-, if the actual load­
ing data is not available, a fatigue test can be performed and the 
test results used to develop SoN curves that can be useful in 
predicting fatigue life. To assist in developing SoN curves, analyt­
ical and graphical procedures, such as Weibull analyses and 
Goodman diagrams may be used to analyze the fatigue test data. 

A fatigue test should produce meaningful and reliable acceler­
ated test results in a reasonable period of time. Therefore, the 
fatigue test should be conducted at a reasonable ioading fre­
quency. For a completely reversed load type test, 250 cpm has 
generally been the accepted maximum loading frequency for a 
typical driveshaft. Load application frequencies higher than ap­
proximately 500 cpm may cause excessive heat in the test speci­
mens. For a zero or a slight preload to maximum load type fatigue 
test, load application frequencies of approximately 1800 cpm can 
generally be utilized without causing excessive heat build-up in 
specime!ls. 

The design characteristics of certain drives hafts can also be 
important in the selection of suitable loading frequencies for a 
fatigue test. Examples of such driveshafts are those shafts incor­
porating rubber element tube designs. If the torsional loading 
cycles are applied at a relatively high frequency to these devices, 
the excessive temperature increase due to the hysteresis charac­
teristics of the elastomer will result in a loss of fatigue life. There­
fore, the load cycles are generally slowed down in a test to main­
tain the temperature rise at reasonably low levels. As discussed in 
the Rubber Element Tubes section of the chapter on Vibration 
Control, load cycle frequencies in the typical range of 3-10 cpm 
have produced satisfactory results. 

A fatigue test can be performed as desired with numerous 
devices which may apply the load either with mechanical, electri­
cal, or hydraulic means, or with a system that can be a combina­
tion of two of these basic means. A typical mechanical type 
fatigue test fixture testing a driveshaft as shown in Fig. 5 may 
consist of simple pedestals positioned on a bed plate to hold the 
specimen so that it can be oscillated back and forth angularly with 
a bell crank mechanism located at one end of the test fixture. 
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Usually, this mechanism is attached to a flywheel driven by an 
electric motor through a suitable gear reduction that provides the 
desired oscillating or cycling speed. 

At the opposite end of the test fixture, the oscillating specimen 
reacts against an adjustable length torsion bar to which it is at­
tached to provide the desired torque load in a suitable angular 
deflection range. The magnitude of the test load for a given oscil­
lating angle can be varied by changing the effective length of the 
torsion bar. The desired load application characteristic of the test 
cycle can be incorporated to simulate any of the three loading 
conditions previously described simply by changing the lengths 
of the arms of the bell crank mechanism. 

Other fatigue test equipment that can provide the basic means 
for oscillating or vibrating a specimen are hydraulic rotary ac­
tuators, magnetic shakers, Sonntag type constant load testers, 
resonant machines, and electro-hydraulic test systems. The 
electro-hydraulic test systems can be quite elaborate. Specimens 
can be fatigue tested by such equipI}1ent which may be programed 
or tape-controlled. The data on the tape can represent actual field 
data obtained from a typical instrumented vehicle operating under 
actual service conditions. Thus, the actual service conditions can 
be duplicated in the laboratory. 

Whatever fatigue test system is used, it is important that an 
accurate means be provided for measuring and calibrating the 
applied load. The fatigue test fixture should have permanently 
installed strain gages or strain gaged devices, such as load or 
torque cells, an amplifier, and an oscilloscope so that uniform test 
results can be produced. 

In addition, the fatigue test fixture should be designed so that 
the load measuring system can be checked by means of dead 
weights. This procedure can be accomplished with a jack and a 
platform scale. 

It is also good practice to incorporate in the test fixture a device 
for shutting off the fatigue test. This procedure can be ac­
complished mechanically or by means of strain gages. The strain 
gage signal can be monitored and, when the stress level drops, the 
test can be terminated. This procedure is advisable because it 
prevents catastrophic failures, destruction of possible valuable 
test evidence, and potential damage to test equipment. 

Fatigue testing can be conducted on components or on com­
plete assemblies. A fatigue test of a complete driveshaft assem­
bly, including the end yokes, is preferable. 

Whenever possible, It is good practice to magnetic particle 
inspect all components to be tested. After the test, components 
that have not failed should be magnetic particle inspected again. 

To add more value to the fatigue test, it is suggested that a 
metallurgical analysis be conducted of the components tested. 
Metallurgical analyses are costly and time consuming. However, 
the greater the scope of the analysis, the more meaningful the tests 
are for evaluation of the test results and for future reference. 

Environmental Test 

During actual service, the driveshaft may be required to operate 
in extreme or adverse environmental conditions as dictated in a 
given application. In order that the vital driveshaft components 
such as universal joints, slip splines, and shaft support bearings 
may function satisfactorily in any environmental condition of the 
application, provision must be made for adequate sealing means. 

Fig. 6 - Environmental test chamber for double Card an joint 

The effectiveness of the sealing elements can be evaluated by 
an enviropmental test. Since there are numerous and widely vary­
ing environmental condition possibilities, the necessary environ­
mental test procedure may vary considerably from one applica­
tion to another. In addition, the functional characteristics of the 
component may influence the environmental test. 

The control and evaluation of an environmental test is difficult 
and requires practical experience. When a universal joint, for 
example, operates in a hot abrasive environment, the environ­
mental test should simulate such operating conditions. To investi­
gate the effect of the abrasive environment, the joint should be 
operated at a proper rotating speed and angle in an enclosure or 
chamber where the atmosphere would be laden with the abrasive 
material. The concentration of the abrasive material and the air 
temperature should be properly controlled. 

Also, it may be necessary to vary the temperature of the joint in 
order to produce the effect of heating and cooling it. This tempera­
ture change characteristic can be evaluated by an effective water 
test procedure where the joint is operated at an angle in a heated 
environment and then submerged in cold water. The rapid cooling 
of the joint reduces the pressure inside the joint and permits water 
to seep through or past the seals. 

Fig. 6 illustrates a typical automotive driveshaft type double 
Cardan joint in an environmental test chamber. The joint is oper­
ated without a torque load at a fixed angle, while it is subjected to 
a test cycle consisting of selected alternating combinations of 
speed, temperature, and salt spray. The test cycle is repeated until 
the required total test time has been accumulated. In this test, the 
joint bearing seals as well as the centering mechanism seal are 
evaluated. 

In addition to evaluating seals on Cardan and double Cardan 
type joints, the seals used on other types of universal joints, such 
as typical ball type constant velocity joints, must also be 
evaluated. Generally, these seals are of the boot seal design and 
are used on both fixed center and end motion type CY joints. The 
application requirements and functional characteristics of these 
CY joints differ considerably from the Cardan and double Cardan 
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Fig. 7 - Environmental flex life test chamber for end motion 
type CV joint 

/ 

Fig. 8 - Environmental wear test setup 

joints. Therefore, the boot seals are usually evaluated by en­
vironmental test procedures which also differ considerably . 

The fixed center type CV joint is commonly used as the out­
board joint in axle driveshafts for front drive vehicles where a 
relatively high joint angle is required. In a typical environmental 
test, this joint is rotated at a desired rotational speed and rocked 
back and forth through its required angular operating range at a 
given rocking frequency. When operated in this manner, the joint 
is subjected to selected alternating temperature extremes for given 
periods of time to comprise a desired test cycle. This test cycle is 
repeated until the required total test time has been accumulated. 
Since the boot seal must flex when the joint is performing its 
functions, this' type of test is more correctly described as an en­
vironmental flex life test. 

The end motion type CV joint is commonly used as the inboard 
joint in axle drives hafts for front wheel drive vehicles where axial 
movement and a relatively low joint angle are required. In addi­
tion, this joint is generally used at outboard and inboard locations 
in axle driveshafts for rear wheel drive vehicles with independent 
rear suspension. 
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A typical environmental flex life test for an end motion type CV 
joint is similar to that for a fixed center type CV joint, except that 
the joint is not rocked through as large an angular operating range. 
Since this joint must also provide end motion, the required axial 
stroking of the joint is, therefore, incorporated in the environmen­
tal test procedure. Fig. 7 shows a typical end motion type CV joint 
in an environmental flex life test chamber. 

In general, an environmental test is conducted on a driveshaft 
component, such as a universal joint, without a torque load. 
Depending on the application requirements, it may be desirable to 
combine a typical Cardan or double Cardan joint wear test, for 
example, with an environmental test. Such a test can be described 
as an environmental wear test where the combined effects of 
environment and wear can be evaluated. The test is conducted in a 
typical four-square test facility as shown in Fig. 8 where some of 
the joints are required to operate enclosed in environmental 
chambers. Thus, joints can be evaluated for wear simultaneously 
with and without the effects of environment. 

Axial Stroking Test 

In this test, the axial thrust force and wear lire characteristics of 
splines and various other axial motion devices can be evaluated. 
In a typical axial stroking test, the splined member or other axial 
motion mechanism is stroked at a suitable stroking speed when 
subjected to various torque loads. In a simple test fixture, the test 
specimen is not rotated while being tested. The chapter on Splines 
and Axial Motion Devices illustrates typical static (nonrotating) 
axial thrust force characteristics obtained from such testing pro­
cedures . 

It is also possible to perform a wear life test in the same test 
fixture. This testing procedure can include controlled environ­
mental conditions, if desired. 

In order to determine dynamic axial thrust force characteristics 
of axial motion devices, elaborate test equipment is required. A 
four-square test facility such as shown in Fig. 4, may be used for 
that purpose. When evaluating typical end motion type universal 
joints, the dynamic axial thrust force characteristics can be deter­
mined for various combinations of torque, speed, and joint angle. 

Grease Leakage Spin Test 

In this test, the typical Cardan or double Cardan univernal joint 
is operated at various speeds to detennine if the joint bearing seals 
adequately retain the lubricant. A rotating speed can be reached 
where the centrifugal force effects will cause the lubricant to leak 
past the sealing elements. The test can be conducted, as desired. 
at normal or elevated temperatures. 

It may also be desirable to evaluate the joint bearing seals by 
operating the joint at an angle because of the relative movement 
required between the seals and the bearings during rotation. In 
order to most effectively evaluate the centering mechanism seal 
for a double Cardan joint. the joint should be operated at a 
specified angle. 

Boot Seal Spin Test 

In this test, the boot seal of a typical ball type CV joint can be 
evaluated for its radial growth or expansion characteristics caused 
by centrifugal force at high rotational speeds. The boot seal 
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should not interfere with vehicle components while performing its 
required functions in actual service. 

Rubber Element Tube Driveshaft Static Torsional Rate Test 

In this test, a rubber element tube driveshaft is installed in a 
typical torsion test machine. The purpose of the test is to deter­
mine the static torsional spring rate. The procedure for conducting 
this test is described in the Rubber Element Tubes section of the 
chapter on Vibration Control. 

High Angle Torque Test 

In this test, the universal joint, generally a high angle fixed 
center type, is rotated at an extremely low speed and approxi­
mately at or near its maxium operating joint angle. The joint is 
subjected to a typical test cycle consisting of a period of time at a 
relatively high torque load, alternating with a period of time at no 
load. The test cycle is repeated until the required number of cycles 
have been completed without failure of the joint. 

The purpose of the test is to evaluate the strength of the joint 
while operating at a relatively high joint angle. The outboard 

universal joint of a typical front drive vehicle may be subjected to 
such a loading condition when operating at the full steer angle 
during turning maneuvers. 

Vehicle Testing 

The evaluation of a driveshaft is best accomplished under ac­
tual operating conditions of the specific application. Generally, 
the type of vehicle tests conducted on driveshafts by vehicle 
manufacturers depend on whether the particular vehicle is in­
tended for on-highway or off-highway applications, or whether it 
can be a combination of both. 

By means of appropriate testing procedures or schedules, man­
ufacturers subject vehicles and individual components to a com­
prehensive evaluation of the durability characteristics of the com­
plete vehicle. Since the driveshaft is a powertransrnitting member 
of the vehicle drivetrain, it is most effectively evaluated by a 
durability test schedule designed specifically for the various ele­
ments of a typical drivetrain system. 
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Chapter 12 

Accessory Drives 
E.R. Wagner, P.E. - Saginaw Steering Gear Div., GMC 

Introduction 

An accessory driveshaft is a driveshaft or driveline located 
between the power take-off (PTO) of mobile equipment and its 
auxiliary or accessory equipment which is being driven. Trucks 
and agricultural tractors are the most common examples of on- or 
off-highway vehicles that utilize accessory drives. The discussion 
of vehicle engine driven accessory power systems in this chapter 
will be limited to those systems on trucks which incorporate 
accessory drives requiring universal jointed driveshafts. The ap­
plication of PTO drive systems on agricultural tractors and im­
plements is discussed in the chapter on Agricultural Implement 
Driveshafts. 

The areas of a truck's powerplant and drivetrain system which 
are most commonly used for power take-off are as follows: 

1. Front of engine crankshaft 
2. Engine flywheel 
3. Transmission 
4. Auxiliary Transmission 
5. Driveline between transmission and rear axle 
Due to increased mechanization and automation, PTO systems 

are needed on most trucks to supply power to operate various 
truck mounted material handling equipment, as well as any other 
accessory which requires a power source to perform its function. 
Typical applications which require a PTO system drive are 
pumps, compressors, concrete mixers, garbage or refuse packers, 
fIre apparatus, hoists, snow plows, winches, dump bodies, tail­
gate loaders, and many others. 

In a basic sense, a PTO is an auxiliary transmission which can 
be attached to a transmission or another auxiliary transmission. 
Other special PTO's are available that drive off the engine or are 
installed directly into the vehicle driveline. PTO systems, except 
for the flywheel type, are generally installed in trucks by acces­
sory equipment builders. The flywheel PTO is usually installed 
by the vehicle manufacturer because fIeld installation is difficult. 

PTO Types and Their Typical Applications 

The type of PTO required, including the design of the acces­
sory driveshaft, is determined by the power demands of the par­
ticular accessory equipment under consideration. More specifI­
cally, the type of PTO required is determined by whether the 
chassis-mounted equipment requires power for a short period or 
for continuous extended operation. Further, some types of PTO' s 
pennit the accessories to be operated only when the vehicle is 
stationary, while other PTO types also allow the accessories to be 
operated at all vehicle traveling speeds. In addition, the PTO must 
be able to supply the necessary torque and speed required to 

power the driven unit. With regard to speed and direction of 
rotation, some applications may require single speed PTO's while 
others necessitate multispeed and reversible PTO's. Therefore, 
the torque and speed requirements of the specific application will 
dictate the type of PTO necessary and its location in the vehicle's 
power train or drivetrain system. These requirements will thus 
influence the design parameters for a driveshaft which must 
transmit the torque and speed required by the driven unit. 

The most commonly used PTO types for truck power train or 
drivetrain systems and their characteristics are described briefly, 
together with some of their typical applications. This brief de­
scription will provide a basic understanding of the design 
parameters which must be considered when applying an acces­
sory driveshaft with a specifIc type ofPTO in a given application. 
These common types of truck PTO's are as follows: 

Engine Crankshaft PTO 

Taking power off the front of a truck engine has become a 
common means of driving truck-mounted equipment. This loca­
tion for a PTO is a desirable power source, because it is available 
at a reasonably constant rotational speed regardless of vehicle 
road speed. It is not affected by clutch actuation or transmission 
gear ratios. Hence, the engine crankshaft PTO allows equipment 
operation at relatively high levels of performance, when desired, 
while the vehicle is stationary, or at all traveling speeds. On many 
truck engines, full engine horsepower is available. 

When the accessory driveshaft is connected directly to the 
engine crankshaft by means of an adapter, it is subjected to engine 
induced torsional excitations resulting from the engine torque or 
firing impulses. Also, engine misfiring produces load impulses of 
a detrimental nature in the drive -system. 

These torsional resonance conditions within the normal operat­
ing range should be avoided, as much as possible, by introdUCing 
appropriate damping means such as torsional dampers, or coup­
lings, or rubber element tube driveshafts. On Diesel engines such 
devices are generally a necessity. 

PIO systems connected to the front of the engine crankshaft are 
used to power various equipment. Concrete mixers, body hoists, 
refuse packers, aerial ladders and platforms, and flre truck water 
pumps are typical applications of vehicle mounted equipment. 

Fig. 1 shows schematically a driveshaft providing the drive for 
the pump of a typical hydraulic system which powers a refus~ 
packer. Another method of providing power for vehicle mounted 
equipment i~ with an all-mechanical drive system illustrated 
schematically in Fig. 2. In this typical design, the equipment is 
connected through a series of driveshafts, with intermittent sup­
port shafts and bearings alongside one of the truck frame rails, to 
the front of the engine crankshaft. 

Still another method of driving vehicle mounted equipment 

287 

American Axle v. Neapco - IPR2025-00090 
PET_AAM_1012-0295



288 

, ----------1 
I CYLINDER I 

VEHICLE 

DIRECTIONAL VALVE 

MOUNTED ' 

,EQUIPMENT I 
fl~ ..,...- RESERVOIR 
,[UJ J 

r L 1__ __ _ ____ _ 
IJ.t--~c--- ---_____ ---__________________ J 
\- DRIVESHAFT -- PRESSURE LINES 

~TRUCK RAIL EXTENSIONS 
----- DRAIN a SUCTION LINES 
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system 

V·SELTS, CHAIN 
OR GEAR SOX 

DRIVESHAFTS 

-SUPPORT SHAFTS 

, , 
: VEHICLE I 

.~~~~~~~~==========~I E~~~::~~ : 
L. _______ J EXTENSIONS 

Fig. 2 - Typical engine crankshaft PTO with mechanical drive 
system 

from the front of the engine is by means of direct drive. A typical 
example of this type of equipment is a centrifugal water pump 
mounted on the frame rail extensions of a fire truck. The pump is 
usually combined with a gear reducer which increases the truck 
engine speed to the desired higher pump operating speed. The 
pump and gear unit combination is connected to the front of the 
engine crankshaft with a driveshaft. 

Engine Flywheel PTO 

As in the case of a PTO connected to the front of the engine 
crankshaft, a flywheel PTO drive will transmit power whenever 
the engine is running. Consequently, the vehicle mounted equip­
ment can be operated regardless of whether the vehicle is moving 
or not. Flywheel PTO units are typically located and mounted 
between the engine and transmission directly behind the engine 
flywheel housing. This type ofPTO can provide a relatively short 
driveline system to certain driven equipment under consideration 
and is less vulnerable to collision damage than a PTO mounted at 
the front of the engine. 

The variou!, engine induced torsional vibration problems, par­
ticularly those associated with Diesel engines, must be considered 
and compensated for in the design of the PTO drive. These tor­
sional resonance conditions and the damping means for control­
ling these disturbances were previously described briefly for a 
PTO connected to the front of the engine crankshaft. 

Flywheel connected PTO systems have been used for provid-

ing power to concrete mixers, blowers for unloading dry cement, 
construction equipment, and so forth. 

Transmission Mounted FrO 

The transmission is a common area in a vehicle's drive system 
for locating a PTO, to direct part of the engine power to accessory 
equipment. This transfer of engine power is typically ac­
complished through a gear in the transmission, designed as the 
PTO driver gear for the PTO. 

PTO units are available in many shapes and sizes for mounting 
to the side, bottom, or top of a truck transmission. They are 
commonly built to SAE standardized six- and eight-bolt mounting 
configurations. 

With many types of transmission mounted PTO's being man­
ufactured, a wide range of torques and speeds are available to 
satisfy the truck user's needs in providing power to a wide variety 
of accessory equipment. By the proper selection of a transmission 
and PTO combination, the performance and service life of the 
intended accessory drive can be optimized. Some PTO's can be 
operated only when the vehicle is stationary, with the transmis­
sion in neutral, while other PTO's may be operated also when the 
truck is in motion. 

Transmission mounted PTO's have been used to provide power 
for hydraulic pumps, fluid transfer pumps, blowers, generators, 
compressors, cranes, winches, hoists, tailgate loaders, fire truck 
equipment, refuse and garbage packer bodies, and numerous 
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Fig. 4 - Typical transmission side mounted PTO with indirect 
drive arrangement 

other applications. Fig. 3 shows schematically a transmission side 
mounted PTO driving a winch through a driveshaft in a typical 
direct drive arrangement. A typical indirect drive arrangement is 
illustrated in Fig. 4 where a compressor or pump is provided with 
power from a PTO through a driveshaft and V -belt drive system. 
The indirect drive arrangement is often used when the speed 
required by the driven equipment is different than the output 
speed of the PTO. Since torque varies inversely with the speed, it 
is essential that the drive system be carefully analyzed so that a 
correctly rated PTO is used which will provide the necessary 
torque at the accessory unit input shaft. This brief description for 
transmission mounted PTO' s can also apply, in general, to PTO's 
mounted on auxiliary transmissions. 

Split-Shaft PTO 

A PTO, located in the truck driveline between the transmission 
and rear axle, is cO,mmonly referred to as a split-shaft PTO. This 
type of PTO can supply power simultaneously to both the vehi-
cle's driving wheels and to the driven accessories. Necessary 
shifting means can be incorporated so that operation of these 
accessories will not interfere with the normal road operation of the 
vehicle. The split-shaft PTO is a mechanical designed gear box 
and its basic function is to divert the engine power from the 
normal use of propelling the vehicle, to driving some mechanical 

versatility to users of vehicle mounted accessory equipment. 
Split-shaft PTO's have been used to provide power for 

winches, post hole diggers, fuel tankers and large compressors, 
generators, or hydraulic pumps. Fig. 5 illustrates schematically a 
typical installation of a split-shaft PTO providing power for a 
hydraulic pump. 
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or hydraulic operated accessory equipment. 

The split-shaft PTO has more power transmitting potential than L~'~~~s:~~fiiJ~ti5 
transmission mounted PTO's, for example, since all the ratios of ~JIf.~::::::::::~~::::::;;;;~~l=I 
the main transmission as well as the ratios of the PTO itself are II-
available. Therefore, the split-shaft PTO Can provide the power MAIN ' \" 

PTO DRIVELINE \ 
required to operate the larger accessories. Some split-shaft PTO iPTO SHAFT REAR AXLE_ 

<t. PINION SHAFT units also have two or three openings for mounting other PTO' s or SIDE VIE W 

shift controls to allow several accessories to be operated with the 
truck either stationary or traveling. These features provide added Fig. 5 - Typical split-shaft PTO 
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