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frequency bands. As discussed in Section 7.8, the presence of surfaces near a
source effectively increases its sound power output. Depending on its physical
characteristics and frequency, a source may radiate uniformly in all directions
(omnidirectional source) or more or less in certain directions (directional source).
Source directivity is quantified by the directivity factor O, which is the ratio of
the mean-square sound pressure radiated in the receiver direction to the average of
that radiated in all directions (see also Chapter 4). Small sources with three similar
major dimensions can often be modeled as compact sources. Most real sources
(large machines, conveyors, building walls) are more complex than a compact
source, being extended in space in one or more dimensions. Readers wishing to
do further reading on more fundamental aspects of room acoustics should consult
reference 1. Throughout this chapter, references are provided for the benefit of
readers who wish to do more in-depth reading on the topic under discussion.

7.1 ROOM SOUND FIELDS AND CONTROLLING FACTORS

Propagation of Sound

Sound waves propagate away from a source, being reflected (or scattered) by
room boundaries, barriers, and furnishings. The resulting sound field at the
receiver is composed of two parts. Sound which propagates directly from the
source to the receiver is the direct sdund. Its amplitude decreases with increasing
distance from the source, as in a free field (discussed in Chapters 1 and 2). Sound
which reaches the receiver after reflection from room surfaces or furnishings is
the reverberant sound. Its amplitude decreases with increasing source distance at
a rate which depends on the source geometry and on the acoustical properties of
the room and its contents, as will be discussed below. To examine sound propa-
gation in rooms, independent of the source sound power, to which it is directly
related, we define the sound propagation function SPF(r) = L,(r) — L,, in deci-
bels as the variable characterizing the effect of the room alone on the sound
field. Sound pressure levels may then be obtained using L,(r) = SPF(r) + L,,.
Thus, from Egs. (1.27)-(1.31), for a compact source with Q = 1 in a free field,
SPE(r) = —20 log,,r — 11 dB. In the case of multiple sources, the individuai
source contributions are obtained from the source sound power levels and the
room sound propagation function values at the relevant source/receiver distances.
The total sound pressure level at the receiver position is obtained by summing
the individual levels on a power (p?) basis.

Sound Decay

Shortly after a steady-state sound source begins to radiate, an equilibrium (or
steady state) 1s established between the rate of energy absorption in the room and
the rate of energy emission by the source. If the source then ceases to radiate,
the energy in the room decreases with time at a rate determined by the rate of
energy absorption. This is the room sound decay. It is usually characterized by
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the reverberation time Ty, which is the time in seconds required for the sound
pressure level to decrease by 60 dB. Calculations of Ty, are based on the average
rate of decay over some part of the decay curve—usually the —5- to —35-dB
part. Also of interest, since 1t quantifies perceived reverberance, is the early-decay
time (EDT), based on the average rate of decay over the first 10 dB.

Air Absorption

Energy is absorbed continuously as sound propagates in air. This process follows
an exponential law, E(r) = Ege~2"", where the constant 2m in the exponent is
called the energy air absorption exponent, expressed in nepers per meter (1 Np =
8.69 dB), with e = 2.7173. Air absorption depends on air temperature, relative
humidity, ambient pressure, and sound frequency. Table 7.1 presents some typical
values calculated using reference 2.

Surface Absorption and Reflection

The ability of a surface to absorb incident sound energy is characterized by the
energy absorption coefficient . This is the fraction of the energy striking the
surface that is not reflected, as discussed in more detail in Chapters 8 and 11. It is
usually measured in octave- or third-octave bands. If E; is the energy incident on
a surface with absorption coefficient «, the reflected energy is E, = E;(1 — ).
Tgnoring transmission, acoustical energy not absorbed by a surface that it strikes
is reflected. If the surface is flat, hard, and homogeneous, reflection is specular;
that is, the angle of reflection is equal to the incident angle. In practice, because
of finite absorber size, surface roughness, as well as physical or impedance dis-
continuities, the energy is scattered or diffused (reflected into a range of angles).
Such diffuse reflections usually result in a more rapid decay of sound and lower
reverberation times in the room.

TABLE 7.1 Energy Air Absorption Exponents (2m in Terms of 10~3 Np/m)
Predicted Using Reference 2 Assuming Ambient Pressure of 101.3 kPa

Relative Air Absorpti i
Temperature, Houmadie, r Absorption Exponents at Selected Frequencies
°C % 125 Hz 250 Hz 500 Hz 1000 Hz 2000 Hz 4000 Hz 8000 Hz
10 25 0.1 0.2 0.6 1.7 5.8 18.7 43.0
50 0.1 02 0.5 1.0 2.8 9.8 33.6
75 0.1 0.2 0.5 0.9 2.0 6.5 23.6
20 25 0.1 03 0.6 1.2 3.5 124 41.6
50 0.1 0.3 0.7 12 2.3 6.5 224
75 0.1 0.2 0.6 13 22 5.0 15.8
30 25 0.1 04 09 15 3.0 8.3 28.8
50 0.1 0.2 0.8 1.7 3.0 5.8 16.4
75 0.0 0.2 0.6 1.7 3.3 5.8 13.4
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Furnishings

Many rooms are not empty, contaimng furnishings (the various obstacles, such as
desks in a classroom or machines in a workshop, also called fittings). Often fur-
nishings occupy the lower region of a room and there are fewer objects at higher
elevations. Of course, the density and horizontal distribution of room furnishings
may vary considerably. Acoustical energy propagating in furnished regions is
scattered as well as partially absorbed, significantly modifying the sound field.
In particular, it increases the rate of sound decay, reducing reverberation times.
It also causes a redistribution of steady-state sound energy toward sources, due
to back scattering, resulting in higher sound pressure levels near sources and a
higher rate of decrease of levels with distance from sources.

7.2 DIFFUSE-FIELD THEORY

By far the best known theoretical models for predicting room sound fields are
based on diffuse-field theory. Diffuse-field theory is widely applied because of
its simplicity. Often forgotten 1s the fact that it may be of limited applicability
because of its restrictive assumption of a diffuse field. The sound field in a room
is diffuse if it has the following attributes:
1. At any position in the room, genergy is incident from all directions with
equal intensities (and random phase, though we are ignoring phase in this
chapter).

2. The reverberant sound does not vary with receiver position.

These conditions are approximated only i specially designed acoustical test
rooms called reverberation chambers, discussed in Section 7.8.

Average Diffuse-Field Surface Absorption Coefficient

Diffuse-field theory uses the average rate of random-incidence surface sound
absorption averaged over all of the room surfaces. Thus, we define the average
diffuse-field surface absorption coefficient as

o, = 2 St
=55

where S; and o are the surface area and diffuse-field absorption coefficient of
the ith surface. If o, is to be useful, it is necessary that no part of the room be
strongly absorbing, since in this case a diffuse sound field cannot exist. Absorbing
objects such as seats, tables, and people must be included when calculating o4,
despite the fact that such objects have ill-defined surface areas. In such cases it
is common practice to assign an absorption A; in square meters to each object,
where A; = a,S;, with §; the surface area. The absorptions of all objects are
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sumined, and the total absorption is included in the calculation of «,, with no
modification made to the total area. In other words, the total area Z S;inEg. (7.1)
1s taken to be that of the room boundaries, excluding objects and people. In the
case of closely spaced absorbers, such as auditorium seats or suspended ceiling
baffles, caution 18 necessary, since the total absorption may depend on the total
area covered and may not be the sum of the absorptions of the individual objects.
Also, the absorption coefficients of small patches of absorbing material (e.g., as
measured im a reverberation room) are higher than those of a large area of the
material (e.g., covering all of a room surface), due to the effects of diffraction
at the material’s edges. In the former case, the absorption coefficients of highly
absorptive materials can exceed 1.0 (see also Section 7.7).

Sabine and Eyring Approaches

Several diffuse-field approaches exist; two are considered here. Both are

expressed by the followng equations, where Eq. (7.3) is applicable only for
a compact source:

55.3V
Teo == A (sound decay) (7.2)

4
Lp(r) = Ly, + 10 log, ( + E) (steady-state conditions) (7.3)

Q
4r?
where Ty = reverberation time, s

Ly, = source sound power level, dB re 10712 W
L, = sound pressure level, dB re 2 x 105 N/m?2
¢ = speed of sound in air, ~344 m/s at standard temperature and
pressure (STP), my/s
R = room constant, = A/(1 — a;), m?
A = total room absorption, = —§ In(l — ay) + 4mV (Eyring)
~ &g S +4mV (Sabine), m*
r = source/receiver distance, m
0 = directivity factor
2m = energy air absorption coefficient, Np/m
V = room volume, m’
&y = average diffuse-field surface absorption coefficient
§ = total room (surface and barrier) surface area, m?

The Eyring approach is applicable to rooms with arbitrary average surface
sound absorption coefficient. It should be used, for example, to determine absorp-
tion coefficients of room surfaces from measured reverberation times. If, bowever,
the average surface absorption coefficient is sufficiently low (say, oy < 0.30), it is
accurate to use the Sabine approach; that is, Eqs. (7.2) and (7.3) with — In(1 — @)
replaced by «,. Thus, the Sabine approach can be used when determining the
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sound absorption coefficients of materials in reverberation tooms. Of course, the
approach applied in a particular sound field prediction must be consistent with
that used to obtain the sound absorption coefficient data used in the prediction.
Refer to reference 1 for further discussion of the relative merits of the Sabine,
Eyring, and other diffuse-field theories.

Diffuse-field theory predicts the following characteristics of the sound field:

1. Sound Decay/Reverberation Time. After a sound source ceases to radiate,
the mean-square pressure at the receiver decays exponentially with time.
The corresponding sound pressure level decreases linearly with time. To a
first approximation, the reverberation time is directly proportional to V/S
and inversely proportional to . )

2. Steady State. The total field is the sum of direct and reverberant components
described, respectively, by the first and second terms in parentheses of
Eg. (7.3). The direct field, which dominates near the source, is independent
of the room’s properties. Its sound pressure level decreases at 6 dB/dd
(dd = distance doubling). The reverberant field, which dominates far from
the source, does not vary with source/receiver distance. Its sound pressure
level is, to a first approximation (when both «; and m are small), inversely
proportional to oy and S. The sound propagation function is as shown in
Fig. 7.1.

Note that diffuse-field theory accounts for only some of the relevant room acous-
tical parameters and for some of these 1n an approximate manner. In particular,
room geometry and source directivity are modeled only approximately. Neither the
distribution of the surface absorption nor the presence of barriers or furnishings is
modeled. This and the related fact that the theory is based on restrictive hypothe-
ses seriously limit its applicability. To give one concrete example, the constant
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FIGURE 7.1 Sound propagation function curves predicted by diffuse-ficld theory for
various values of the room constant R in m?.
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sound pressure level at sufficiently large distances from sources that is predicted
by diffuse-field theory is only (approximately) found in practice in small rooms
with low surface absorption (e.g., reverberation rooms, discussed in Section 7 .8).
Noise levels due to a single source in most rooms—especially large or absorptive
ones—decrease monotonically with distance from the source (see, e.g., Fig. 7.4b
below). Reference 3 discusses the applicability of diffuse-field theory more fully.
Diffuse-field theory, when applicable, can be used to estimate the reductions
of reverberation time and noise level that occur when absorptive material is
added to a room. Let 4; and A, be the total room absorptions before and after
treatment; A, = A, + A A, where AA 1s the increase in room absorption. If A,
and AA are known, values of A, and A, can be used directly in Egs. (7.2)
and (7.3). Alternatively, if Ty, before treatment is known, Ts0.0 after treatment
can be determined from Eq. (7.2) as follows: since Tso,p = 55.3V /(cAp), then
Ap =553V /(cTs0,6). Now, Tgo,a = 55.3V/(cAs) = 553V /[c(Ap + AA)], and

thus 55.3V
[55.3V/ (cToo)] + AAJ

The steady-state sound pressure level L, , after treatment can be calculated from
that before treatment, L, ,, as follows:

T60,a - C{ (74‘)

(7.5)

2
LP'”(r) = Lpb(r) + 10 10g10 [Q/(%Tr )+ 4/Ra:l

Q/(@mr?) +4/R,

At positions near sources, where the direct field dominates, the reduction in sound
pressure fevel 1s small. At large distances from all sources, where the reverberant
field dominates, the reduction approaches that of the reverberant sound pressure
level alone. This, to a first approximation (when both o, and m are small), is
given by 10 log;((As/Ap). Doubling the room absorption reduces the sound
pressure level of the reverberant field by 3 dB. Similarly, using Eq. (7.2), the
reverberation time after treatment is Tgo, = Toop(Ap/ Ag). Doubling the sound
absorption halves the reverberation time.

As an example, consider a room with dimensions 10m x5 m X 2.4 m
(volume V = 120 m?, surface area S =172 m?) and all concrete surfaces
with o = 0.05. Thus, ignoring air absorption and using the Sabine approach,
we have Ap = 8 = 0.05 x 172 = 8.6 m? and Tepp = 55.3V/(cAp) = 55.3 x
120/(344 x 8.6) = 2.2 5. A suspended acoustical ceiling with o, = 0.9 and
surface area of 50 m* is installed to improve the acoustical environment.
After treatment, A, = 8.6+ (0.9 —~0.05) x 50 = 51.1 m?, so Ty, = 2.2 x
8.6/51.1 =04 s.

7.3 OTHER PREDICTION APPROACHES

When diffuse-field theory cannot be applied, alternative approaches can be used
to predict the steady-state sound pressure level, sound decay, and reverbera-
tion times in a room. These models apply only to compact sources. Extended
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sources must be approximated by an array of compact sources and the prediction

model applied to each source. Two main approaches are available to accom-
plish this objective: computer algorithms (the method of image sources, ray or
beam tracing, radiosity, hybrid models, etc.) and empirical models. The different
approaches make assumptions which define and limit their applicabilities and
accuracies. Furthermore, they take the various room acoustical parameters into
account to a greater or lesser extent. To take advantage of the strengths of the dif-
ferent approaches and avoid their weaknesses, hybrid models combining several
approaches into one model have been developed. Empirical prediction models
are usually limited in application to specific building types.

Method of Image Sources

The method of umage sources is based on the assumption that reflections from
surfaces, assumed specular, can be replaced by the direct sound contributions of
image sources. Figure 7.2 shows the simple example of a partial two-dimensional
array of image rooms and sources. The simplest implementation of the method
of image sources applies to empty, rectangular—parallelepiped rooms with no
barriers.* In this case, the image sources corresponding to the infinite number
of reflections are located on a three-dimensional grid. The total mean-square
pressure is the sum of the contributions of all of the image sources, allowing
for spherical divergence and energy losses due to absorption by the air and at
each surface encountered by the ray-from the image source. For decaying sound,
the sound pressure at time ¢ after the cessation of sound generation is calculated
by summing over all image sources located at distances greater than c¢i from
the receiver, where ¢ is the speed of sound. The method of image sources can
be extended to empty rooms of arbitrary shape bounded by planes; however,
calculation times are greatly increased and become impracticable. The method
of image sources can also account for the presence of furnishings, under the
assumption that they are isotropically distributed in random fashion throughout
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FIGURE 7.2 Image space of an empty two-dimensional room, showmg the source (%)
and receiver (@), the image sources (%), the image surface planes (-..oooo- ), the direct
sound (- - - -), and the propagation paths of sound from three of the image sources (: 3.

OTHER PREDICTION APPROACHES 189

the Toon.” In this case, the furnushings, as well as the sources, are mirrored in the
room surfaces. The steady-state and decaying sound fields are formed as before.
However, the contribution of each image source 1s modified due to scattering
and absorption by the furnishings; absorption at surfaces 1s also increased due to
scattering.

Ray and Beam Tracing

Ray-tracing techniques® can be used to predict sound fields in rooms of arbitrary
shape with arbitrary surface absorption distributions, different surface reflection
properties, and variable furnishing density. Source directivity can also be mod-
eled. A computer program simulates the emission of a large number of rays (or
beams) from each source in either random or deterministic fashion. Each ray is
followed as it propagates in the room, being reflected and scattered by surfaces,
barriers, and furnishings until it reaches a receiver position. The energy of a
ray is attenuated according to spherical divergence as well as surface, furnishing,
and air absorption. In principle, any surface reflection law (specular, diffuse, etc.)
can be modeled. Ondet and Barbry’ proposed an algorithm for accounting for
quast-arbitrary furnishing distributions in a ray-tracing model. Figure 7.3, taken
from reference 8, illustrates the potential of ray-tracing techniques. It shows the
contour map of the predicted reductions of total A-weighted noise levels over the
floor of a furnished workshop containing eight machinery sources, which result
from the mtroduction of an acoustical barrier around a noise-sensitive assembly
bench and a partial ceiling absorption treatment suspended over the region of
the sources. Of course, the program must be run for each frequency band (i.c.,
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FIGURE 7.3 Floor layout of a furnished workshop (dimensions 46.0 x 15.0 x 7.2 m)
showing a contour map of the predicted reductions of total A-weighted noise levels which
result from the introduction of an acoustical barrier around a noise-sensitive assembly
bench and of an absorptive treatment suspended below the ceiling over the region of the
eight machinery sources (the shaded, L-shaped, enclosed area). The map was produced
from noise levels predicted before and after treatment at positions on an fmaginary 2 x 2-m
grd, 1.5 m above the floor, as shown. Also shown are the noise sources (e.g., S4%*) and
the contour lines and their values (e.g., 5).
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octave- or third-octave bands) to account for the frequency-dependent nature of
the sound absorption coefficient of the room surfaces and that of the barrier
insertion loss. This kind of detailed analysis is not possible using diffuse-field
theory. It would only be possible to estimate noise reductions from the increase
in absorption. These reductions could then be corrected as a function of the prox-
ity of the receiver to the acoustical treatment and of the estimated insertion
loss of the barrier.

Empirical Models

Empirical models are developed from experimental data. They usually focus
on a particular category of room—-models for offices, classrooms, and industrial
workshops are discussed below. Measurements are made, i a nuraber of rooms of
some category, of the acoustical quantities to be predicted. Empirical algorithms
or equations which predict the experimental results from appropriate predictor
parameters describing the rooms are developed. This can, for example, involve
multivariable regression modeling, whereby statistical modeling software is used
to find the manimum set of mutually statistically independent predictors, each
of which is highly correlated with the data to be predicted, that most accurately
predicts the measured data. For further information on multivariable regression
modeling, consult reference 9.

Auralization s

Auralization is the process of rendering audible sounds “played” in a virtual room
for which the acoustical response has been predicted. It allows subjective evalu-
ation of the room. If done accurately, auralization allows full three-dimensional
sound perception, with source externalization (i.e., the sound is perceived fo be
outside the head), spatial localization, and spatiousness. Auralization involves
predicting the combined response of a virtual room and a virtual listener in it.
The listener response is quantified by head-related transfer functions (HRTFs)
quantifying how the acoustical response of the human external auditory system
varies with frequency and angle. The room response is predicted nsing models,
such as ray tracing, which predict the individual sound path contributions arriving
at the receiver; since impulse responses involving phase effects are required, the
room’s phase response must also be considered. The result is the binaural impulse
response (comprising the impulse responses at the left and right eardrums) of the
room-listener combination. This is convolved with a sound signal for replay to a
real listener. Readers interested in further details of this technique should consult
reference 10.

7.4 DOMESTIC ROOMS AND CLOSED OFFICES

Schultz!? investigated the prediction of sound pressure levels in domestic rooms
and closed offices. He measured the variation of sound pressure level with dis-
tance from a source in a variety of small rooms, observing that levels never

CLASSROOMS 191

become constant at larger distances as predicted by diffuse-field theory. In fact, he
found that the curves always had a slope of about —3 dB/dd, though the absolute
levels of the curves varied considerably. He further found that existing models
developed for predicting sound propagation in, for example, workshops and cor-
ridors could not predict his experimental results, Schultz therefore proposed the
following empirical formula:

Lyry=Ly~10logygr —5log, V —3 logy,, f+ 12 dB (7.6)

where r 1s the source—receiver distance in meters, V is the room volume In
cubic meters, and f is the frequency in hertz. Note that this formula does not
explicitly contain a room absorption term. Such behavior contrasts markedly

with that predicted by diffuse-field theories and is an excellent exarmple of their
Limitations.

7.5 GCLASSROOMS

Relevance and Characteristics

Classrooms are acoustically critical spaces in which verbal communication is cru-
cial for teaching and learning. Acoustically, conference rooms, gymnasioms, and
other rooms for speech have much in common with classrooms. Many classrooms
are built with litde or no attention paid to the acoustical design. Studies have
shown that nonoptmal acoustical conditions in classrooms result in impaired
verbal communication between teachers and students, impaired student langnage
development and learning, and teacher voice and other problems.'?!* The prob-
lemns are particularly acute for “acoustically challenged” listeners, including young
and hearing-impaired people and those using a second language.

Classrooms vary from small seminar rooms for a few occupants to school
classrooms for several tens of children to larger umiversity lecture rooms and
auditoria accommodating hundreds of listeners. Smaller classrooms are usually
of rectangular shape. Larger lecture rooms can have, for example, fan plan shape,
mclined seating, and nonflat ceiling profiles. In smaller classrooms, talkers and
listeners can be anywhere in the classroom, and source—receiver distances can
vary from less than a meter to several meters. In lecture rooms, the talker is usu-
ally at one end of the room, with the listeners spread out in front; source—receiver
distances can vary from several meters to several tens of meters. For hygiene
reasons, classrooms may have hard, nonabsorptive surfaces, though carpets and
wall and ceiling absorption are not uncormmon. Lecture and conference rooms can
have nonabsorptive or padded, sound-absorptive seating. Of course, the occupants
themselves contribute significant absorption to the classroom. This and the fact
that classroom occupancy can vary considerably must be considered in the acous-
tical design. A detailed discussion of the physical and acoustical characteristics
of (university) classrooms is found in reference 14. Of particular nterest is the
rate at which speech and noise levels decrease with distance from their sources,
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which 1s small in small, nonabsorptive classrooms. It increases with classroom’

size and absorption and can be large in large, absorptive (e.g., occupied) class-
rooms. One consequence of this is that speech levels in large classrooms may
decrease by 10 or more decibels from the front to the back of the seating area.

Speech Intelligibility

In classrooms, as in other rooms for speech, quality and ease of verbal communi-
cation are prime concerns (see also Section 7.7). The quality can be guantified in
human terms by speech mtelligibility, the percentage of words correctly identified
by the listener. Here, in general, we consider the effect of the room on the accurate
transmission of speech signals from a talker to a listener and not, for example, the
effects of individual talker and listener characteristics. Verbal communication is
considered to be affected by two main factors—the classroom reverberation and
the speech-signal-to-background-noise-level difference (often called the signal-
to-noise ratio). The effect of reverberation can be quantified by the early-to-late
energy ratio Cso (which is highly correlated with early decay time and reverbera-
tion time in many cases}. This frequency-dependent ratio is usually measured in
octave bands. The signal-to-noise level difference depends on the levels of speech
and the levels of noise at the listener position. Total A-weighted or octave- or
third-octave-band equivalent continuous levels are often considered. If the voice
levels remain constant, the speech intelligibility decreases with increased rever-
beration and increases with increased signal-to-noise level difference. A pumber
of physical metrics exist which combine these two quantities into a single speech
mtelligibility measure; these include the useful-to-detrimental energy ratio Usg,
articulation mdex Al (discussed in Section 7.7), speech transmission index STI,
and speech intelligibility index SIL

Numerous studies have found that many classrooms have nonoptimal acous-
tical conditions, with excessive noise levels and reverberation. A review of pub-
lished data and of the many complex issues associated with speech intelligibility
in classrooms is contained in reference 15. The classroom speech sources are the
teachers’ and the students’ voices. Classroom noise sources include mechanical
services {e.g., ventilation outlets), classroom equipment (projectors, computers),
and the teachers’ or students’ voices when another person is generating the signal
to be heard. Noise breaking into the classroom from outside can be significant
when the classroom is located near transportation (such as highways and airports)
or in cases when children are active in nearby corridors or play areas. Finally,
classroom activity itself generates significant noise, including impact noise from
furniture, toys, and so on. Data on the typical sound pressure levels generated
by human talkers and classroom noise sources are available.!6 It is Iikely that a
number of complex factors, including room acoustics, affect what these levels
are at listener positions in a given classroom at a given time.

It is generally considered that, for excellent speech intelligibility, background
noise levels should not exceed about 40 dBA for acoustically unchallenged lis-
teners and 30 dBA for acoustically challenged listeners. The question of what 1s
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the optimal reverberation for speech intelligibility is a complex one. One body of
opinion considers that reverberation should always be minimized. However, this
is based on the results of speech intelligibility tests that were done under condi-
tions that did not account for the acoustical behavior of classrooms. Investigations
mnvolving the useful-to-detrimental energy ratio speech intelligibility metric and
realistic room acoustical modeling show that some reverberation can be benefi-
cial (since it increases reverberant speech. levels). The results indicate that the
reverberation should be optimized as a function of the classroom volume and
background noise. Optimal reverberation times vary from low values in small,
quiet classrooms to over 1 s in large, noisy ones. For a full discussion of this
1ssue, refer to reference 17. In any case, reverberation should be minimized in
classrooms with high signal-to-noise level differences (e.g., resulting from voice
amplification). Moreover, it s likely that less reverberation can be tolerated by
acoustically challenged listeners. It has been shown that speech intelligibility is
not very sensitive to variations in reverberation, and it has been suggested that a
classroom reverberation time of about 0.5 s is usually appropriate.'s

Standards and guidelines exist to help design professionals achieve high acous-
tical quality in classrooms and other educational spaces. They specify the acous-
tical conditions to be achieved i new and renovated rooms. They discuss rever-
beration times and background noise levels to be achieved in the unoccupied
room. They also provide advice on how to achieve the design targets. Two recent
examples of such standards are ANST $12.60—2002 in the United States!® and
Building Bulletin 93 in the United Kingdom.?

Predicting Classroom Acoustics

Predicting acoustical quality in a classroom involves predicting room reverber-
ation and steady-state sound pressure levels generated by the speech and noise
sources, mncluding student activity. Prediction should take into account the absorp-
tion contributed by the room occupants and furnishings (e.g., absorptive seating).
This involves an appropriate prediction model and accurate input data. In the case
of small, untreated classrooms, it is likely that diffuse-field theory is reasonably
accurate. For treated and larger classrooms, comprehensive techniques such as ray
tracing can be used. Empirical models are also available and inherently incorpo-
rate realistic data. Based on measurements of reverberation times and steady-state
levels generated by a speech source in a wide variety of typical university class-
rooms and on published information, empirical models for predicting octave-band
reverberation times and total A-weighted speech levels have been developed.”
Approximate values of Ty, in the unoccupied classroom can be determined
using Eq. (7.2), with the average surface absorption coefficient calculated as the
sum of contributions (presented in Table 7.2) to the room average value, which
are associated with the sound-absorbing features present in the classroom. An
alternative empirical formula for predicting the 1-kHz octave-band T, 15

Teo,. = 0.874 + 0.0021(L W) + 0.303refl -+ 0.412basic
- 0.384absorb — 0.804upseat 7.7
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TABLE 7.2 Typical Octave-Band Contributions of Classroom Sound-Abserptive
Features to Room-Average Surface Absorption Coefficient i

Surface Feature 125 Hz 250 Hz 500 Hz 1000 Hz 2000 Hz 4000 Hz 8000 Hz

Basic 0.12 0.10 .10 0.09 0.10 0.09 0.10

Carpeted floor 0.00 0.00 0.02 0.04 0.07 0.09 0.17

Wall/ceiling 0.01 0.04 0.08 0.10 0.10 0.10 0.10
absorption

Upholstered 0.20 0.20 0.16 0.12 0.09 0.07 0.05
seats

TABLE 7.3 Octave-Band Values of Average
Absorption per Person

Band, Hz 125 250 500 1000 2000 4000 8000
A, m® 025 045 067 081 082 083 114

where the parameters are defined following Eg. (7.10). The absorption of the
classroom occupants can be included using the data in Table 7.3, and the num-
ber of occupants can be used to estimate the associated increase in classroom
absorption. For an average talker speaking between a normal and a raised voice
(total A-weighted sound power levelﬁ:&"m dBA), total A-weighted speech levels
in the unoccupied classroom can be predicted from

I.Ogl{} (3" )

SLA(FY =1, + s
«(7) “Togo )

(7.8
with
I, = 65.8 — 0.0105(LW) 4 1.52fwdist — 1.41absorb — 4.32upseat (7.9)

and
Sy = —~1.21 — 0.088 L + 1.14basic (7.10)

where  Tep, = 1-kHz octave-band reverberation time, s
SLA, = total A-weighted speech level, dBA
I, = mtercept of total A-weighted sound propagation curve,
dBA
5, == slope of total A-weighted sound propagation curve,
dBA/dd
r == source~-receiver distance, m
L = average classroom length, m
W == average classroom width, m
fwdist = distance from source to nearest wall, m
refl = 1 if classroom contains beneficial reflectors, = 0 if not
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absorb = factor quantifying extent of §6und—absorptive wall or
ceiling treatment

absorb = 1 corresponds to full-coverage wall or ceiling treatment;
in other cases, values should be scaled proportionately

upseat = 0 for nonabsorptive seating; = 1 for padded,
sound-absorptive seating

bagsic = 1 if all classroom surfaces and seats are not sound

absorptive; = 0 otherwise

As an example, consider a large classroom with average dimensions of
L =20 m long, W = 10 m wide, and 6 m high (volume V = 1200 m?, surface
area § = 760 m®). The distance from the typical lecturing position to the nearest
(front) wall 1s fwdist = 2.5 m. The classroom has a profiled ceiling directing
sound to the back (i.e., beneficial refiectors, refl = 1). Consider the cases where
Np 15 50 or 200 occupants. Before treatment, the classroom has no sound-
absorptive surfaces (absorb == 0, basic = 1) and nonabsorptive seating (upseat =
0). Thus, the average surface absorption coefficient is that corresponding to
the “basic” configuration in Table 7.2 (& = 0.09). Equation (7.2) gives the
corresponding Ty, ’s. Assuming air absorption exponents for a temperature
of 20°C and a relative humidity of 50% (m = 0.0012 Np/m; see Table 7.1)
and using the Eyring approach, the total absorption in the unoccupied room
at 1kHz is A, = —-SIn(l — @) +4mV = —760 In(1 — 0.09) + 4 x 0.0012 x
1200 = 774 m® From Eq.(7.2) the 1-kHz Ty, = 553V/{cA) =553 x
1200/ (344 x 71.4) = 2.49 s. With 50 occupants, the total room absorption
Ay = Ay + NpA, =774 +50 x 0.81 = 117.9 m?, and Ty, = 55.3V/(cA,) =
353 x 1200/(344 %< 117.9) = 1.64 5. Similarly, with 200 occupants Tsp, =
0.81 s. Here, Ty is excessive with low occupancy and decreases sharply with the
number of occupants. To control the reverberation, the classroom is treated with
full-coverage wall absorption (absorb = 1) and padded, sound-absorptive seating
(upseat == 1); thus, basic = 0, The average surface absorption coefficients are
now the sum of the values for basic, wall/ceiling absorption, and upholstered
seats given in Table 7.2 (e.g., 0.09 + 0.10 + 0.12 = 0.31 at 1 kHz). The 1-kHz
Tso’s 1n the classroom when unoccupied and with 50 or 200 occupants are 0.67,
0.63, and 0.52 5. The treatment significantly reduces Tygp—in the unoccupied
classroom by as much as 200 occupants do—and decreases the variation of Tg,
with the number of occupants.

As for speech levels, consider listeners seated at the front and back of the
classroom at distances of 3 and 12 m from the talker. Before treatment, from
Eq. (7.9), lip = 65.8 —0.0105LW + 1.52fwdist — 1.4 1absorb — 4.32upseat =
65.8 —0.0105 x 20 x 10+ 1.52 x 2.5 — 1.41 x 0~ 4.32 x 0 = 67.5 dBA and,
from Eq. (7.10), s, = —1.21 — 0.088L + [.14basic = —1.21 — 0.088 x- 20 +
1.14 x 1 = —1.83 dBA/dd. Using Eq. (7.8), the speech level at any pesition
18 SLA, 5 (r) == 67.5 — 1.83 log,o(r)/ logo(2); thus, at 3 and 12 m speech levels
are 64.6 and 61.0 dBA. Levels in the occupied classroom can be calculated
using Eq. (7.5). Assuming O =2 to the front of a talker, at the front and
back of the classroom speech levels are 63.1 and 59.2 dB with S0 occupants
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and 60.9 and 562 dBA with 200 occupants. After treatment, [, , = 65.8 ~
00105 x 20 x 10+ 1.52x25-141 x0—-432x1 =632 dBA and s5,, =
~1.21 - 0.088 x 20 + 1.14 x 0 = —3.0 dBA/dd, giving speech levels of 57.1
and 51.1 dBA unoccupied at the front and back seats; occupants decrease levels
by no more than 1 dB. Acoustical treatment causes speech levels at the front
and back of the unoccupied classroom to decrease by 7.5 and 9.9 dBA for 50
occupants and with 200 occupants by 4.5 and 6.1 dB. These results must be
interpreted with care, as they do not account for certain relevant nonacoustical
factors. For example, they assume that the talker’s vocal output is invariant, as
would be the case for a loudspeaker. In fact, research suggests that a talker’s vocal
output varies with the prevailing classroom acoustical conditions; a preliminary
empirical model for predicting this phenomenon is presented in reference 16,
Noise levels generated by classrcom noise sources (e.g., projectors or ven-
tilation outlets) can be estimated from their output power levels and receiver
distances using the above empirical model after adjusting for the difference
between the actaal and the assumed output power levels, Student activity noise
should also be considered; a preliminary empirical mode! for predicting this is
presented in reference 16. Then signal-to-poise level differences can be deter-
mined. Classroom early-decay times and signal-to-noise level differences can
then be used to determine values of speech intelligibility metrics. ’

Controlling Classroom Sound

Controlling and optimizing the acoustical conditions in a classroom or other
rooms for speech involve three fundamental considerations:

1. Promoting High Speech Levels. Avoid excessive classroom cubic volume
due, for example, to high and vaulted ceilings. Use room geometries which direct
sound to the back of the room. In large lecture roomss, this can include angled
reflectors around teaching areas and profiled ceilings. Keep at least the central
part of the ceiling sound reflective to promote the reflection of speech sounds to
the back of the classroom. Use approximately square floor plans to avoid long
and wide rooms. Amplification by a speech reinforcement system or a sound
field enhancement system may be an option; their design is beyond the scope of
this chapter; see reference 22. One mmportant issue to consider at the classroom
design stage is that the optimal acoustical conditions for unaided speech may not
be the same as with a speech remforcement system.

2. Controlling Background Noise. Avoid open-plan design. Control the noise
and vibration of mechanical services (see Chapter 16). Locating ventilation out-
lets toward the front of lecture rooms where speech levels are highest helps
optimize signal-to-noise level differences throughout the room. Avoid high termi-
nal velocities of supply air termmal devices and place air-volume control devices
at distances of 0.5 m or more upstream to minimize noise generated by turbu-
lent flow. Choose quiet equipment for use in the classroom. Impact noise due to
student activity can be reduced by the use of carpets and cushioning materials
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{split tennis balls on desk, table, and chair legs are widely used). The partitions
bounding the classroom must provide adequate sound isolation {(see Chapter 10);
in critical cases, this might require the use of nonopenable windows,

3. Optimizing Reverberation. Apply appropriate sound-absorptive materials
to the room surfaces. Avoid applying sound absorption to the central part of the
ceiling, which provides useful reflections between talkers and listeners. Using
sound-absorptive seating allows the ceiling fo be left reflective and reduces the
sensitivity of the classroom’s acoustical conditions to the number of occupants.

7.6 INDUSTRIAL WORKSHOPS

Relevance and Characteristics

Industrial workshops often have serious acoustical problems due to excessive
noise and reverberation. Most jurisdictions have regulations aimed at lmiting
the risk of hearing damage by limiting the noise exposure of industrial work-
ers. Excessive reverberation can also lead to poor verbal communication and a
reduced ability to identify warning signals, and thus danger, as well as to stress
and fatigue.

Industrial buildings come in every shape and size. However, many are rectan-
gular in floorplan (with widely varying dimension ratios and floorplan sizes), with
flat or nonflat (e.g., pitched or sawtooth) roofs. The floors of most workshops are
made of concrete. The walls are often of brick or blockwork, sometimes of metal
cladding. Workshop roofs are usually of suspended-panel construction, consisting
of metal or other panels supported by metal trusswork or portal frames. A com-
mon modem construction is the steel deck, consisting of, for example, profiled
metal as the internal surface, a vapor barrier, several centimeters of thermal insu-
lation, tar paper, and gravel ballast as the external surface, again supported by
metal trusswork, Acoustical steel decks exist; the inner metal layer is perforated,
and 1ts profiles are filled with sound-absorptive material, providing high sound
absorption over a broad range of frequencies. Acoustical decks can support loads
almost as great as normal decks, cost only about 10% more, and should always
be considered at the design stage. The average surface absorption coefficients of
untreated industrial buildings are 0.08~0.16 in the 125- and 250-Hz octave bands,
varying with constraction, and 0.06-0.08 in the 500-4000-Hz octave baunds.

Figures 7.4a and b show the reverberation times and 1-kHz sound propaga-
tion function cuwrves measured in an empty, untreated workshop with average
dimensions of 45 m x 42.5 m and height of 4 m and a double-panel roof.? It
is often the case that the sound propagation function—L,(r) — L,, as defined
n Eqg. (7.3)—at most source—receiver distances and the reverberation time are
found to be highest at midfrequencies. The values of both quantities decrease at
low and high frequencies due to increased panel and air absorption.

The effects of workshop furnishings are also illustrated in Figs. 7.4a and b,
showing the reverberation times and sound propagation function curves after
first 25 and then an additional 25 printing machines were introduced. These
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FIGURE 74 Measured (a) third-octave-band reverberation times and () 1-kHz sound
propagation curves in an industrial workshop when empty (x———x) and containing 25
(a}‘ - - e) and 50 (@ ©) metal machines; ( ) free-field sound.

metal machines had average dimensions of 3 m x 3 m and height of 2 m. Intro-
duction of the furnishings significantly decreased reverberation times and sound
propagation function values. According to diffuse-field theory, the decreases of
reverberation time for this particular workshop correspond to the introduction of
as much as' 900 m? of acoustical absorption.?® In fact, they are related to increased
diffusion, not increased absorption. The percentage changes of reverberation time
and the magnitudes of the changes of the sound propagation function with increas-
mg furmishing density vary little with frequency. These results are supported by
similar measurements in other workshops. They again dlustrate the limitations of
diffuse-field theory, which cannot accurately predict the effects of complex room
geometry or furnishings.

Workshop Noise Prediction

Models developed for predicting noise levels and reverberation times in industrial
workshops fall into two categories— comprehensive models, based on approaches
such as ray tracing and the method of image sources, and simplified, based on
simple theoretical or empirical approaches. Comprehensive models have been
evaluated experimentally, concluding that the ray-tracing model of Ondst and
Barbry’ was most inherently accurate.”* Ray tracing can account for complex
room shape, barriers, and nonisotropic absorption and furnishing distributions.
Simplified models have also been evaluated experimentally. concluding that a
model developed by Kuttruff was inherently accurate in furnished workshops.2

Kuttruff® developed a simplified model for long and wide furnished work-
shops based on radiosity theory; the numerous furnishings on the floor and. the
ceiling were modeled as diffusely reflecting surfaces. According to this model,
in a workshop of height » and with average absorption coefficient «, the sound
pressure level L,(r) generated by an omnidirectional compact source of sound
power level L, at a distance » is given by
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where 8 A~ 1.507%3%_ Despite the assumption of infinite length and width, the
model performed well in comparison with measurements made in workshops of
a wide range of lengths and widths.”® One disadvantage of the model is that it
does not include a parameter that can be varied to account for variations in the
number of furnishings. However, as can be seen from Fig. 7.4, the variations
are small at the smaller source~receiver distances that dominate noise levels in
many practical cases. An alternative is empirical models for predicting workshop
noise levels and reverberation times.”’

When dealing with multiple sources in workshops, the effect of noise con-
trol measures may be determined to a first approximation by considering what
happens at & distance corresponding to the average source—receiver distance.
Changes in total ndise levels due to nodise control measures are approximated by
changes in the sound propagation function at this distance. For machine operator
positions, the average source—receiver distance is small—typically 1~2 m. For
a room with a more or less square floorplan and with sound sources uniformly
distributed over the floor, the average source—receiver distance is about one-half
the average horizontal dimension.

As an example, let us use the Kuttruff model to calculate the 1-kHz noise
level in the workshop illustrated in Fig. 7.3 (but without the acoustical screen and
partial suspended ceiling shown) before and after introduction of full-coverage
suspended ceiling absorption. Consider a position midway along the assembly
bench and 1.5 m above the floor. The workshop dimensions are length 48.0 m,
width 16.0 m, and height 7.2 m. Assume that the average midfrequency absorp-
tion coefficients of the workshop surfaces are 0.07 (untreated) and 0.4 (treated).
The workshop contains nine noise sources located as shown in Fig. 7.3, with
1-kHz sound power levels and source—recetver distances as shown in Table 7.4.
Table 7.4 shows the individual noise-level contributions of the sources before and
after treatment. Total levels are determined by energy-based addition of the mndi-
vidual source contributions. The result is 82.4 dB before treatment and 78.7 dB
after treatment. Introduction of the ceiling treatment is predicted to reduce the
1-kHz noise level at the assembly bench by 3.7 dB (confirming that the treatment
illustrated in Fig. 7.3 is lughly cost-effective).

‘Accurate prediction relies on an inherently accurate model and accurate input
data. Workshop surface absorption coefficients’ were discussed above. Many
workshop prediction models alse include a parameter describing the workshop
furnishing density. It is not known how to determine this quantity accurately.
In theory, it can be estimated as the total surface area of the furnishings (or,
more practically, of imaginary boxes that would fit around the individual objects)
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TABLE 7.4 Details of Calculation of 1-kHz Noise Levels in Workshop before and
after Acoustical Treatment Using Kuttruff Simplified Prediction Model®

/ Before After
Source Number L,, dB Distance, r (m) L,.(r), dB L,p(r), dB
1 94 13.5 70.7 65.3
2 101 9.8 79.1 74.8
3 92 7.6 71.1 67.5
4 94 3.9 75.6 73.5
5 86 9.5 64.2 60.0
6 90 7.6 69.1 65.5
7 91 8.7 69.6 65.6
8 89 8.5 67.6 63.8
9 93 15.5 69.0 63.2
Total noise level 824 78.7

“Reference 26.

divided by 4 times the volume of the furnished region.* However, there is some
evidence that this procedure underestimates the correct value.® Research has
shown that average workshop furnishing densities may attain 0.2 m~! or higher,
those of a workshop’s furnished regions 0.5 m~ or higher.2® In any case, no
simplified model will ever predict noise levels in workshops of complex shape
or furnishing distributions or that contain, for example, barriers with high accu-
racy. In such cases, ray tracing may be the only viable option. Finally, a problem
shared by all prediction models is the accurate estimation of the sound power
levels of the noise sources. This problem is discussed in Chapter 4.

Workshop Noise Control

To achieve the reduction of workshop noise levels (as required by modern occu-
pational noise regulations) in a cost-effective manner, the application of noise
contro] principles should be incorporated into new designs and renovation in the
following order of priority:

1. Control at Source. Reduce the sound power outputs of the equipment by
design or by retrofit acoustical treatment.

- 2. Control of Direct Field. Isolate receiver positions from noisy sources by
mncreasing the distance between them, by the use of source enclosures (see
Chapter 12), and by surrounding the receiver by a cabin or screen. Barriers and
screens are often not practical or cost-effective alternatives in workshops. Often
separation can be achieved by appropriate planning of the workshop layout, tak-
ing full advantage of the building geometry, natural barriers such as stockpiles,
and furnishings at the design stage.

3. Control of Reverberant Field. Apply sound-absorptive materials to the room
surfaces. Such treatments should be accorded lower priority since they tend to be
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expensive and not very effective near noise sources, such as at operator positions.
In practice, reductions of 0—6 dBA are possible. The best surfaces to treat are
those closest to noise sources and/or receiver positions. In low-height industrial
workshops, this usually implies the ceiling. Consider an acoustical steel deck at
the design stage or acoustical treatments consisting of sound-absorptive materials
applied to or suspended from the ceiling—for example, acoustical baffles (rect-
angular pieces of absorptive material) hung in appropriate patterns at appropriate
densities. A particularly cost-effective treatment consists of suspending sound
absorbers directly above noise sources. Difficulties may arise due to interference
with overhead cranes and lighting and sprinkler systems and with respect to fire
regulations and hygiene requirements. The treatment of walls may be warranted
in more regularly shaped enclosures and where noise sources are located close
to walls when it 1s important to absorb the strong wall reflections. Note that in
workshops of any shape surface absorption, even when it has little effect on the
total noise levels, may significantly reduce reverberation, reducing the perceived
“noisiness” of the work environment and improving verbal communication.

Readers interested in the low-noise design of industrial workshops should be
aware of relevant ISO standards available to help in the task. ISO 116882%30
provides advice on the design of low-noise machinery and equipment. Part 1
discusses planning, and Part 2 discusses the principles of low-noise design. ISO
142573 defines criteria for evaluating the acoustical quality of workshops with
respect to noise control and describes how to perform the measurements to eval-
uate an existing workshop.

7.7 OPEN-PLAN OFFICES

Open-plan offices are one of the most common modern work environments. In
these large spaces, many seated workers are separated by low barriers that provide
partial visual and acoustical separation between workstations. The barriers may be
free-standing but today are usually in the form of integrated furniture or cubicles.
The ceiling and the carpeted floor form two large, extended sound-absorbing
planes; their horizontal dimensions are much greater than the height of the ceiling.
The space between these surfaces is filled with office furniture and barriers that
are usually sound absorbing. Diffuse-field theory certainly does not apply in
such a space; the sound pressure level decreases continuously with distance from
sources (an example 1s shown in reference 3). The principal problem in an open-
plan office 1s not propagation to large distances but the provision of privacy
between neighboring workstations. The important sound paths are, therefore, the
short-range ones. Sound from one work position reflects from extended surfaces
(ceiling, walls, and windows) and diffracts over or around the edges of barriers, as
illustrated in Fig. 7.5. These sound paths must be controlled to provide acoustical
privacy for workers.

Open-plan offices can provide a reasonable degree of acoustical privacy if they
are carefully designed as a complete system and if adjacent work functions are
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FIGURE 7.5 Possible sound paths between workstations in an open-plan office cross
section. Reflection from the ceiling 1s reduced by using highly absorptive ceiling materials,
transmission through the barrier by selecting a sufficiently heavy panel with adequate
sound transmission loss, and diffraction over the bartier by increasing the barner height.

compatible and not too close together. If any aspect of the system 1s neglected,
then adequate acoustical privacy will not be achieved. Obtaining adequate acous-
tical privacy is first a question of attenuating unwanted speech sounds. from
adjacent work spaces, because speech sounds are much more distracting than
most other types of noises. It is usually also necessary to include masking sound
to render intruding speech sounds less mtelligible while not being a source of
annoyance. Special protection should be provided against noisy devices such as
printers and copiers—for example, by locating them in a shielded area. Confer-
ence rooms with full-height partitions, providing good sound msulation, should be

available for activities which require low background noise levels and particularly
high privacy.

Open-Plan Office Barriers

Barriers (also called screens, -partial-height partitions, workstation panels, or
office dividers) provide sound attenuation and visual privacy between worksta-
tions for seated persons. They are the basic component of systems furniture
(usually forming cubicles) that combines the functions of a barrier and support-
ing amenities such as storage compartments, lighting, power, communications,
and work surfaces into a single unit. A barrier should attenuate sound that passes
through 1t so that the transmitted sound is negligible.

Sound diffracts over the top of the barrier to reach the next workstation. For
an infinitely wide barrier between a source and a receiver position, the insertion

loss IL relative to the level at the receiver in the absence of the barrier can be
approximated by>?

IL = 13.9+7 log;y N + 1.4(log;; N)* dB for N = 0.001 (7.12)

where the Fresnel mumber N = 27 (A + B — d}/c, d 1s the straight-line distance
from the source to the receiver in meters, A is the distance from the source to
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the top of barrier in meters, B is the distance from the top of the barrier to the
receiver in meters, and c is the sound speed (Fig. 7.5 shows A, B, and d). The
greater the angle that sound has to bend to reach the receiver position on the
other side of the barrier (8 in Fig. 7.5), the greater is the insertion loss of the
barrier. Thus, higher barriers are more effective than lower ones, and barriers
placed close to the talker or listener are more effective than those equidistant
from both.

The effects of diffraction around and transmission through a barrier can be
combined to determine the total insertion loss of a barrier. Sound transmitted
through the screen should be negligible relative to the sound diffracted around it,
especially at those frequencies important for speech intelligibility. Specifying that,
at 1000 Hz, the normal-incidence sound transmission loss should be 6 dB greater
than the theoretical insertion loss due to diffraction is a satisfactory criterion. This
criterion leads to the requirement that the minimum mass per unit area of the
barrier, p; in kilograms per square meter, should be p, > 2.7(A + B — d). For
an 1solated screen, the total effect of the barrier can be calculated by applying
Eq. (7.12) to each edge in tumn and then surnming the acoustical energies.

Maximum barrier dimensions are usually limited by physical convenience,
possible interference with airflow, and preservation of the open lock. Recom-
mended minmmum dimensions are height 1.7 m and width 1.8 m. Of course, a
complete cubicle is equivalent to a long barrier, for which there is negligible
propagation around the ends. If the attenuation of a high barrier is desired but
visual openness must be maintained, a plate of glass. or transparent plastic panel
can be fitted to the top of a low barrier to increase its “acoustical height.” The
gap between the bottom edge of the barrier and the floor should be small; other-
wise sound can reflect under the barrier to the opposite side. This is not critical,
becanse sound following this path tends to be diffused or absorbed by furnsture
and carpets; a gap of up to 100 mm can be left when the floor is carpeted.

Measures for Rating Acoustical Privacy

Acoustical privacy is usually referred to as speech privacy because 1t 18 speech
sounds that are usually the most disturbing (see also Section 7.5). Speech privacy
is essentially the opposite of speech intelligibility. That 1s, the lower the intelligi-
bility of the speech, the greater the speech privacy. Speech privacy (and speech
wmtelligibility) is related to the level of the intruding speech sounds relative to
the less meaningful ambient noise. Hence, speech privacy is related to measures
involving the signal-to-noise level difference, where speech 1s the signal and the
general ambient noise is the noise component.

Articulation index (AI) 18 a frequency-weighted signal-to-noise level differ-
ence measure which indicates the expected speech imtelligibility in particular
conditions. The signal-to-noise level differences in each frequency band are
weighted according to their relative importance to the intelligibility of speech.
These weighted signal-to-noise level differences are summed to obtain the Al
value, between 0 and 1. An Al of 1 is mtended to indicate conditions in which
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near-perfect intelligibility is expected. An Al close to 0 is expected to indicate
conditions of near-perfect speech privacy. The Al has been widely used as a mea-
sure of speech privacy; Al < 0.15 is considered to provide normal or acceptable
speech privacy in open-plan office situations. The Al has now been replaced by
the SIL It is similar to the AI but has slightly larger values, so the criterion
for acceptable speech privacy becomes SII < 0.20. Both have been described in
ANSI standards.®*3

Figure 7.6 illustrates the suitability of this criterion. In this figure, median
speech intelligibility scores are plotted versus Sil for situations simulating con-
ditions in open-plan offices. It is seen that SII = 0.2 represents the point below
which privacy increases rapidly with decreasing SII. One can think of it as the
point at which 1mprovements to the acoustical design start to improve speech
privacy. In practice, it is also a practically achievable goal if all aspects of the
acoustical design are carefully considered.

Acoustical Design of Complete Workstations

Sound propagation between workstations in an open-plan office with modular
workstations (cubicles) mvolves many different sound paths, not just propagation
over a simple screen as described above. There are reflections from the ceiling
and the other panels of the workstation as well as from nearby walls. These
consist of not only simple first-order reflections but also paths with multiple
reflections, such as those involving the floor and the ceiling or the vertical surfaces
of the workstation. The problem of sound propagation between workstations
has been addressed using the method of image sources (see Section 7.3) and
implemented as a computer algorithm. Diffraction over the screen was modeled
using Maekawa’s results described in Eq. (7.12). The method of image sources
assumes that all reflections are specular, so the angle of incidence equals the
angle of reflection. However, the model includes an empirical correction to the
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FIGURE 7.6 Variation of median speech intelligibility score with SII for situations
simulating a range of conditions in open-plan offices.®
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absorption coefficients of ceiling materals (obtained from standard reverberation
room tests) to account for the limited range of angles of incidence for sound
propagation between workstations, compared to that in a diffuse reverberant test
room. The model has been validated with respect to a wade range of measurement
conditions and is used here to illustrate the effects of various design parameters.
See references 36-39 for details of the model.

Speech and Noise Levels

Two factors that have very large effects on speech privacy are the speech levels of
the talkers in the open offices and the general ambient noise levels. These cannot
be ignored when striving for acceptable speech privacy. Fortunately, people do
pot usually talk with normal vocal effort in open-plan offices. Measurements of
talkers in open-plan offices have found mean voice levels close to those described
as casual vocal effort. Using normal voice levels to calculate expected speech
privacy greatly exaggerates the lack of speech privacy. The intermediate office
speech level (IOSL) shown in Fig. 7.7 is recommended as the speech source level
for calculating speech privacy in open-plan offices. It was obtained by averaging
the mean speech levels measured in open-plan offices and the casual voice data
and then adding 3 dB, corresponding to one standard deviation above the average
talker level. The IOSL spectrum is therefore representative of louder talkers in
open-office situations and corresponds to a speech source level at a distance
of 1 m m a free field of 53.1 dBA. References 4042 provide more details of
speech levels.

One important aspect of achieving speech privacy is to encourage the use
of lower voice levels as a form of open-plan office etiquette. Extended discus-
sions should not be held in open-office areas but should be moved to closed
meeting rooms.,

80 T T T T T T T
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FIGURE 7.7 The IOSL spectrum and noise-masking spectra for opep-office design
calculations: (e )IOSL, (- - - - -- -} optimum masking; (- - - - - } maximum masking.
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Tt is difficult to obtain acceptable speech privacy if the general ambient noise
level is low. On the other hand, if ambient noise levels are high, they can become
annoying and cause people to talk louder. There is a narrow range of ambient
noise levels that are expected to be acceptable and that can also partially mask
intruding speech sounds from adjacent workstations. (The masking of speech by
noise is a well-researched field, and ANSI $3.5%* includes many references on
this topic.) For this reason, electronic sound-masking systems are often included
in successful open-office designs. They can be designed to provide nearly ideal
noise levels to mask speech sounds and enhance privacy withount being unduly
disturbing. The masking noise should be adjusted to sound like natural ventila-
tion system noise and to be evenly distributed throughout the office. Figure 7.7
mcludes an example of a noise-masking spectrum that was judged to be at an
optimal level, corresponding to 45 dBA. It has been found that the maximum
acceptable level for masking sound is approximately 48 dBA. Hence, the max-
imum masking spectrum in Fig. 7.7 represents an example of such a maximum
noise-masking spectrum. These two noise spectra are indicative of the narrow
range of masking noises that provides acceptable speech privacy. Spatial varia-
tions of masking noise should be less than 3 dBA.

Conventional sound-masking systems have included those with centrally
located electronics and others with distributed units. Distributed systems, with
many small independent units, have the advantage of avoiding correlated
sources, which can lead to annoying spatial variations in the masking sound.
Manufacturers of both types claim™various practical advantages. Although
propagation into the ceiling void may aid the homogeneity of the masking sound
in the office below, the masking sound will be modified by propagation through
the ceiling tiles, and transmission through lighting fixtures can lead to localized
areas of higher sound levels below. More recently, sound-masking systems with
loudspeakers mounted in the ceiling tiles and on the panels of workstations bave
been introduced to provide better control over the resuiting masking sound. The
mstallation of noise-masking systems is best left to experienced professionals.

Important Design Parameters

In the design of an open-plan office, it is first assumed that the transmission
loss of the workstation panels is sufficient to attenuate, to an insignificant level,
the sound propagating directly through the panels. The requirement for surface
density given by Eq. (7.12) usually leads to a minimum value corresponding to
STC = 20 (STC is the sound transmission class, obtained from a standard sound
transmission loss test*’; see also Chapter 10). After this, the two most important
parameters are the sound absorption of the ceiling and the height of the separating
barriers or panels. If these are not adequate, it will not be possible to achieve
acceptable speech privacy.

The shaded area of Fig. 7.8 indicates combinations of ceiling absorption and
panel height that can provide SII < 0.20 if the other details considered below are
also acceptable. Ceiling absorption is described in terms of the sound absorption
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FIGURE 7.8 Shaded area shows combinations of workstation panel height and ceiling
absorption that lead to acceptable speech privacy corresponding to SII < 0.20.% Contours
m unshaded part indicate degrees of unacceptable speech privacy. SAA is the average of
the absorption coefficients m the third-octave bands from 250 Hz to 2.5 Hz.

average (SAA), which is the average of the absorption coefficients in the third-
octave frequency bands from 250 Hz to 2.5 kHz. It replaces the older noise
reduction coefficient (NRC) and has very simiilar values. Values of SAA greater
than 1.0 are included in Fig. 7.8 because such values can result from the standard
test procedure, due to the effects of edge diffraction (as mentioned in Section 7.2).
It is seen that the sound absorption of the ceiling should correspond to SAA >
0.90 and the separating panels should be >1.7 m high. Since the results in Fig, 7.8
were calculated with other details set to nearly ideal values, combinations of
ceiling absorption and screen height outside of the shaded area make it impossible
to achieve acceptable speech privacy.

A third key design parameter is the size of the workstation plan. The results in
Fig. 7.8 are for a workstation with dimensions of 3 m x 3 m. If the workstation
length and width each decrease by ! m, then the resulting SII increases by 0.05.
Thatis, fora 2 m x 2 m workstation plan, meeting the SII < 0.20 criterion would
require very high screens and the most absorptive ceiling materials.

Other Design Parameters

The sound-absorptive properties of the workstation panels and the floor have
smaller effects on speech privacy. The height of the ceiling and the presence of
lighting fixtures in the ceiling can also mfluence speech privacy.

The results shown in Fig. 7.8 were calculated for workstation panels with
SAA = 0.9. ¥f this were reduced to (.75, the corresponding S1I values would
decrease by 0.01. If the panel absorption were decreased to 0.6, SII values would
decrease by 0.02. These ssem to be small degradations in the overall perfor-
mance, but one must always remember that most designs will at best be on
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the edge of just providing acceptable speech privacy; even these small improve- ‘

ments may help to meet the SII < 0.20 criterion. Of course, if the panels were not
highly absorptive (i.e., SAA < (0.60), there would be a more significant increase
in the resulting SII values. For example, if the workstation panels were non-
absorptive in an otherwise ideal workstation design, SII would increase from
0.2 t0 0.3.

Varying floor absorption and varying ceiling height generally have very small
effects on the resulting SII values. In most cases, varying these parameters
changes SI by no more than about 0.01. On the other hand, lighting fixtures
in the ceiling can degrade the speech privacy of the open-office design. The
effect of a lighting fixture depends on the type of lighting umt and its location.
Lights with a fiat plastic or glass surface produce the strongest unwanted reflec-
tions and are most troublesome when located over the separating panel between
two workstations. They will change SII values most when installed in a highly
absorptive ceiling. Bvaluation of the effects of several types and locations of
lighting fixtures has shown that, for a ceiling with SAA = 0.90, SII values could
increase by up to 0.08. Open-grill lighting fixtures have smaller effects but still
reduce the effectiveness of a highly absorptive ceiling.

Practical Issues and Other Problems

Sound propagating in the horizontal plane can bypass barriers by reflection from
vertical surfaces and hence reduce the Sound attenuation between work positions.
To minimize these effects, surfaces such as walls, office barriers, square columns,
backs of cabinets, and systems furniture, as well as bookcases, should be covered
with sound-absorptive material having SAA values of 0.7 or higher. A thickness
of 2.5 cm or more of glass fiber with a porous fabric cover will satisfy this
requirement. The application of carpets directly to hard surfaces is not an effective
solution, since typical carpets have low sound absorption coefficients. Round
columns with diameters of 0.5 m’ or less may be left uncovered. A simple way
to avoid wall reflections is to avoid gaps between the wall and barriers. To
prevent reflections from their surfaces, office barriers should be covered with
sound-absotptive material on both faces.

Where workstations are adjacent to windows, there are often large gaps
between the workstation panels and the window. To provide adequate acoustical
privacy between these workstations, this gap must be filled with additions to the
workstation panels. This problem cannot easily be solved using drapes, which
would need to be heavy and closed; furthermore, most slatted blinds do not
reduce reflections. Using the area next to the windows as a corridor is another
solution to this problem.

Standard procedures exist for the evaluation of the degree of speech privacy
in an existing office, in a mock-up of a proposed office,*> or for the evalua-
tion of open-plan noise-masking systems.*® It is very important to evaluate the

speech and noise in the office to completely determine the existing degree of
speech privacy.
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7.8 REVERBERATION ROOMS

Reverberation rooms are designed and equipped to give a close approximation
to a diffuse sound field. Measurements in these rooms are used to characterize
the sound-absorptive properties of materials, the sound power of sources, and
the sound transmission through building elements, among other things, under
standard diffuse-field conditions according to various standards.*>%~32 A typical
reverberation room has a volume of about 200 m¥; some are constructed with
nonparallel walls. The walls and surfaces of the room are made highly reflective
so that reverberation times are high and the region dommnated by the direct field
of a source is as small as possible.

At low frequencies, the frequency response to wide-band noise shows peaks
corresponding to individual room modes. As frequency increases, the spacing
between modes becomes less, the modes begin to overlap, and the individual
modes are less obvious. At some transition frequency the room response for
bands of noise becomes approximately constant, the properties of the sound field
become more uniform, and the room response may be described in statistical
terms. This transition point is usually defined by the Schroeder frequency™ fs =
2000(Tso/ V)12 hertz. For a V = 250 m® room with Tgg =5 s, fs = 282 Hz.

To make the response of the room more uniform at low frequencies, it is usu-
ally advisable to add low-frequency sound-absorbing elements. Even in rooms
of approximately 200 m®> volume, correctly chosen dimensions, and the recom-
mended amount of sound absorption, the spatial varations of pressure and the
sound decay rate are often too large to satisfy the precision requirements of
standards. 1t is therefore common to add fixed panels suspended at random posi-
tions and omentations throughout the room to perturb the room modes and to
create more diffuse conditions. In many cases rotating diffusers are also used for
this purpose.

Fixed diffusers are most important in rectangularly shaped rooms used for
sound absorption measurements. They may not be necessary in rooms that are suf-
ficiently nonrectangular in shape. They help to create a more diffuse sound field
during the measurement of sound decays by ensuring that, throughout the sound
decay, a portion of the decaying sound energy is redirected toward the sound-
absotbing sample. When commissioning a new reverberation room for sound
absorption measurements, it 1S necessary to systematically increase the number
of diffusers until measured absorption coefficients just reach maximum values
due to the increasingly diffuse conditions in the chamber. Of course, adding too
many diffusers can lmut the number of valid positions for microphones, which
must always be located more than a half wavelength (at the lowest frequency of
terest) from reflecting surfaces such as walls and diffusing panels.

Rotating diffusers are particularly useful n reverberation rooms used for mea-
suring the sound power levels of devices with strong tonal components. These
types of sound sources lead to large spatial variations in sound levels that can be
effectively reduced using a rotating diffuser. By continuously changing the geom-
etry of the room, they shift the modal patterns and hence average out some of the
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spatial variations of the sound levels. Making the rotating diffuser in the form of
panels of revolution can reduce the required drive power and aerodynamic noise,

In addition to such measures, it 15 still necessary to sample the room volume
in order to measure mean-squared sound pressures and decay rates accurately. To
provide statistically independent samples of the sound field, microphone positions
must be more than one-half wavelength apart (at the lowest frequency of interest)
as well as be located more than one-half wavelength away from reflecting objects
to avoid nonrepresentative measures of the room average sound level.

It has been shown that close to one, two, or three infinite reflecting planes
the sound pressure and energy increase. The mean-squared pressure p® can be
expressed as

Mo sin(kr,)
pP=1+) == Mm’) (7.13)
=] n

where & == 2 /A(h = wavelength)
p* = mean-square pressure normalized to unity 1n absence of
images or far from reflecting surfaces
r, = distances from images of measurement point to measursment
point
N = number of images: 1 for measurement near a plane surface,
3 near an edge, and 7N1}ear a corper

Closer than A/2 to highly reflecting surfaces, sound pressure increases signifi-
cantly because of these positive interference effects. To account for the increase
in sound energy close to surfaces, an adjustment term (1 + SA/8V) is included
in the calculation of the sound power W from the space-averaged mean-square
sound pressure. Thus, the relationship used to determine the sound power W of
a source from the space-averaged mean-square sound pressure p° that it creates
in the room is>*

2
3V g ssv) N omys (7.14)
4pctTe
where p = density of air, kg/m?
¢ = speed of sound in air, m/s
V = room volume, m’
T = reverberation time, s

It is assamed that sampling of the sound field in the room is confined to the
central regions away from room surfaces. The Sabine formula, Eq. (7.2), relating
reverberation time to room absorption is assumed to hold and is the basis for
determinations of sound absorption in reverberation rooms, 48

The planning and qualification of reverberation rooms are complex and best
done by experienced professional acounsticiaus.
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7.9 ANECHOIC AND HEMI-ANECHOIC CHAMBERS

An anechoic chamber is a room with all of its interior surfaces highly absorptive
such that a source in the room radiates mn essentially free-field conditions. The
resulting sound field has only a direct component. Hemi-anechoic chambers have
a hard floor with all other interior surfaces highly sound absorptive. They are used
for measuring the sound power level and radiation pattern of equipment (such
as road vehicles, appliances, etc.) that are operated over a hard surface. The
acoustical performance of an anechoic or hemi-anechoic room can be evaluated
by determining how closely conditions in the room approximate those in a free
field. This 1s usually done by measurmg the variation of sound levels with distance
from an approximately omnidirectional source; it should ideally be —6 dB per
doubling of distance; see Eq. (7.3) and Fig. 7.1.

Tests are made 1n an anechoic room when 1t 1S necessary to accurately measure
the vnperturbed sound radiated by a source—for example, when measuring its
radiation pattern (directivity) or sound power. The surfaces of anechoic chambers
are made highly absorptive by lining them with deep, sound-absorptive materials.
The lining typically consists of wedges of mineral wool or glass fiber.> All
anechoic chambers are more anechoic at high than at low frequencies. The lowest
frequency at which an anechoic chamber can be used depends prumarily on the
chamber volume and the depth of the wedges. This cutoff frequency, at which
the wedges absorb 99% of the incident sound energy, is usually achievable with a
wedge depth (including any air space between the base of the wedge and the bhard
wall) of approximately one-quarter wavelength. A large chamber with 1-m-deep
wedges may be effective down to 80—100 Hz. To provide a walking surface to
facilitate setting up experiments in an anechoic chamber, an open-metal-floor grid
that is removed after the setup or a permanent wire-mesh floor can be provided.
The perimeter frame of such a wire-mesh floor and to a lesser extent the wire
mesh itself may degrade the high-frequency performance of the chamber.
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8.1 INTRODUCTION

One of the most frequent problems faced by noise control engineers is how
to design sound absorbers that provide the desirable sound absorption coeffi-
cient as a function of frequency in a manner that minimizes the size and cost,
does not introduce any environmental hazards, and stands up to hostile environ-
ments such as high temperatures, high-speed turbulent flow, or contamination.
The designer of sound absorbers must know how to choose the proper sound-
absorbing material, the geometry of the absorber, and the protective facing. The
theory of sound-absorbing materials and sound absorbers has progressed consid-
erably during the last 10 years. Much of this progress is documented in X, U,
Ingard’s Notes on Sound Absorption Technology* and in F. P. Mechel’s Schall
Absorber (Sound Absorbers)® and the separately sold- -computer program on CD-
ROM.? Ingard’s book is a paperback edition of modest length and price and
comes with a CD-ROM that allows the reader to make easy numerical predic-
tions from almost all of the equations used in the book. The underlying physical
processes are explained with great clarity and the mathematical treatment is kept
sumple. Derivations and difficult explanation are presented in appendices. The
books cover all aspects of sound absorption in great detail. To derive full benefit,
it belps if the reader has a reasonably strong mathematical background. How-
ever, even those with no such background will find the figures, which give the

*The authors acknowledge the contributions of Dr. Fridolin P. Mechel to the several parts of thus
chapter retamed from the 1992 edition.
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it helps if the reader has a reasonably strong mathematical background. How-
ever, even those with no such background will find the figures, which give the

*The authors acknowledge the contributions of Dr. Fridolin P. Mechel to the several parts of this
chapter retained from the 1992 edition.
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difficult mathematical results in graphical form, nseful and practical. Mechel’s ‘

book consists of three hard-covered volumes totaling 2866 pages. The associated
computer program is available in MAC and Window versions but is expensive.
The classical book of H. Kutruff, Room Acoustics,* deals predominantly with the
room acoustics aspects of sound absorption and should be studied by acousticians
designing buildings for the performing arts. Beranek’s recently updated classic
book Acoustic Measurements® describes the methods and experimental hardware
for measuring all acoustical descriptors of sound-absorbing materials and sound
absorbers. The reader with serious interest in sound absorption technology is
advised to study all of these texts.

How Sound Is Absorbed

Sound is the organized superposition of particle motion on the random thermal
motion of the molecules. The speed of the organized particle motion in air is
typically six orders of magnitude smaller than that of the thermal motion. All
sound absorbers facilitate the conversion of the energy carned by the organized
particle motion into random motion. All forces, other than those that compress
and accelerate the fluid, caused by the oscillatory particle flow in the presence of
solid material result in loss of acoustical energy. The most important contribution
to the conversion is associated with the drag forces caused by friction between
the interface of a rigid or flexible wall or the skeleton of the porous or fibrous
sound absorber material and the fluid in the thin acoustical boundary layer. For
porous and fibrous sound-absorbing aterials the acoustical flow speed is low
and the flow remains laminar, and the drag force is proportional to the acoustical
particle velocity. At high velocities, which occur at the mouth of resonators, the
flow separates, turbulence is created, and the friction force becomes proportional
to the square of the velocity. Other loss mechanisms, discussed in more detail
elsewhere,"? include the isothermal compression of air at low frequencies, direct
conversion of acoustical energy into heat owing to a time lag between compres-
sion, and heat flow that takes place in closed cell foams. In the case of plate
and foil (very thin plate) absorbers the acoustical energy is converted into heat
in the vibrating flexible plate and radiated as sound from the rear of the plate or
is transmaitted m the form of vibration energy into connected structures.

A sound absorber can absorb only that part of the incident sound energy not
reflected at its surface. Consequently, 1t is important to keep the reflection at the
surface as low as possible. Essentially, the part of the incident acoustical energy
that enters the absorber should be dissipated before it retumns to the surface
after traversing the absorber and reflecting from a rigid backing. Otherwise, the
absorber gives back acoustical energy to the fluid on the receiver side that is in
addition to the mitial reflection. This requires a sufficient thickness. The challenge
in sound absorber design is to keep the absorber thickness to a minimum.

Sound Ahsorption Coefficients

The acoustical performance of flat sound absorbers is characterized by thewr sound
absorption coefficient «, defined as the ratio of the sound power, Wy, that is not
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reflected (i.e., dissipated in the absorber, transmitted through the absorber into a
room to its rear, or conducted, in the form of vibration energy, to a connected
structure) and the sound power incident on the face of the absorber, Wiy

Wi
o =
Winc

(8.1)

For convenience in analyses, the absorption coefficient is defined in terms of
sound pressure reflection factor R of the absorber interface, namely

o =1-—|R? (8.2)

The vertical lines bracketing R indicate the absolute value, The reflection factor
R 1s usually a function of the angle of sound incidence, the frequency, the
material, and the geometry of the absorber. The absorber is characterized by its
wall impedance (otherwise known as surface mmpedance) Z,,, defined as

Zy =2 Ny’ (8.3)

Un

where p is the sound pressure and v, i the normal component of the particle
velocity, both evaluated at the interface. A substantial part of this chapter concerns
the prediction of the wall impedance offered by a large variety of sound absorbers.
The sound absorption coefficient as defined in Eqgs. (8.1) and (8.2) is further
differentiated according to the angular composition of the incident sound field,
such as normal incidence, oblique incidence, and random incidence, and whether
the absorber is locally reacting (sound canpot propagate in it parallel to the
interface) or non—locally reacting (where sound can propagate in it parallel to
the interface). At normal incidence there is no difference between locally and
non-locally reacting materials.

Measurement of Normal-incidence Sound Absorption Coefficient
&g. The normal incidence sound absorption coefficient ¢y can be measured in
an impedance tube according to the American Society for Testing and Materials
(ASTM) standard C384-98 as wp = 4¢ /(L + 1)%, where ¢ = proux/Pmm is the
ratio of the maximum and minimum standing-wave sound pressure pattern in the
tube uvpstream of the sample. Normal-incidence sound absorption coefficients,
measured in an mmpedance tube, never exceed unity.

Measurement of Random-Incidence Sound Absorption Coefficient
wpnfrev) in Reverberation Room. The random-incidence sound absorption
coefficient ap(rev), which is also referred to as the Sabine absorption coefficient,
can be measured directly in a reverberation room according to ASTM C423-02.
It 1s defined as ag(rev) = (353V/OHI(1/Ts) — (1/Tp)], where V is the volume
of the reverberation chamber in m®, § = 6.7 m? is the standardized surface area
of the test sample, and T and T are the reverberation times in seconds (see
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Chapter 7) measured with and without the sample, respectively. It is important
to distinguish between the two random-incidence sound absorption coefficients
ag(rev) and o . The coefficient oz (rev), measured in the reverberation room, can
yield values which exceed unity (measured values up to 1.2, as can be seen.in
Fig. 8.10). Such values obviously violate the theoretical definition of ¢ given in
Eg. {8.36) implying that the panel absorbs more energy than is incident on 1t. This
fact that measured values of ag(rev) > 1 results from the fimte size of the test
sample, which means that there is diffraction at the edges of the sample. In design
calculations, it is customary to replace all values of ag(rev) > 1 with umty. The
random-incidence sound absorption coefficient «p is computed from the wall
impedance and never yields absorption coefficients that exceed unity. Based on
the analyses of ag(rev) measured according ASTM (C423-02 for a large variety of
thicknesses and flow resistivity of Owens Corning series 700 fiberglass boards,
Godfrey® has proposed an empirical prediction scheme to relate ag(rev) of a
standard size (6.7 m?) sample to oy predicted theoretically from the computed
wall impedance of the samples as

, [21.3
ay(rev) = k?ﬁ + 0.73) R

where af(rev) is the empincally predicted Sabine absorption coefficient of a
standard size sample and f is the frequency in hertz. This formmia provides rea-
sonably accurate predictions for low flow resistivities (in the range of 9000 N -
m/s* = 0.56 pocofin. to 17,000 N - m/s* = 1.1 poce/in.) and small layer thick-
nesses from 1 to 3 in. (2.5~7.5 cm). For flow resistivities greater than 32,000 N -
mist =2 pocofin. and layer thicknesses >76 mm = 3 in., the analytical method’
yields the best prediction.

8.2 SOUND ABSORPTION BY NON-SOUND ABSORBERS

Although inefficiently, all rigid and flexible structures absorb sound. If efficient
sound absorbers are present in the room, the contribution of these marginal sound
absorbers may be neglected. However, if they represent the only sound-abserbing
mechanism (such as is in the case of reverberation rooms without low-frequency
absorbers), they, and at high frequencies the air absorption, account for the total
sound absorption and set an upper limit for the maximum achievable reverberation
time and for the buildup of reverberant sound pressure in these special rooms.

Sound Absorption of Rigid Nonporous Wall

The general assumption that a rigid, nonporous wall, however massive, gives rise
to total reflection of the incident sound is not valid. In the immediate vicinity
of the interface there are two phenomena that cause small but finite dissipation
of sound energy. The first is that the wall-parallel component of the particle
velocity of the incident sound results in shear forces in the acoustical boundary
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layer. The acoustical boundary layer is identical to that which would develop at
the interface between a stationary fluid and a plane, rigid wall oscillating with the
frequency and velocity amplitude of the wall-parallel component of the sound-
induced particle motion. The second component of the unavoidable dissipation
results from the large thermal capacity of the wall, which makes 1t impossible
to fully recover the heat energy in the rarefaction phase that was built up in the
compression phase. According to reference 4, for randomly incident sound, the
combined effect of these two dissipation processes results in a lower limit of the
sound absorption coefficient of

0o = 1.8 x 1074 (F)1/? 8.4)

where f 18 the frequency m hertz. For frequencies of 1 and 10 kHz, Eqg. (8.4)
yields values of oy, of 0.006 and 0.018, respectively.

Sound Absorption of Flexible Nonporous Wall

Building partitions such as walls, windows, and doors absorb low-frequency
sound. The sound power lost, WLost when the incident sound interacts with a
nonporous, flexible, homogeneous, and isotropic single partition that has another
room or the outdoors on the receiver side is made up of three components:

WLoss — Wl?orced’l“rans + WResTrans -+ WResDiss N.m fS (85)

where WHoreedTrans 55 the sound power transmitted by the forced bending waves
(i.e., mass law portion radiated from the receiver side by the forced bending
waves), WResTs j5 the sound power transmitted by the free resonant bending
waves, and WRePBS g the sound power dissipated in the partition by the free
resonant bending waves. The first two terms in Eq. (8.5) can be expressed in
the form of sound transmussion loss, TL, of the partition and the third term as
a function of the space—time mean-square value of the sound-induced resonant
vibration velocity (v?} of the plate, yielding

pyloss . ppme 10-TL/10 (v?‘)psa)nS N-m/s (3.6)

where 7 1s the composite loss factor of the plate accounting for energy loss
through dissipation in the plate as well as for that lost through structural coupling
to neighboring structures at the plate boundaries and § is the surface area of the
plate i square meters. The sound absorption coefficient is defined as

WLoss
W ine

o =

8.7

where W™ is the sound power incident on the source side of the partition. As
shown m Chapter 10, for random mcidence, where the sound energy has equal
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probability of angle of incidence, the incident sound power is

2 1
W = § (fffl) N mis (8.9)
4poco

where S is the surface area of the partition (one side) m square meters, {p?}
(N?/m*) is the mean-square space~-time average sound pressure in the source
room, po 18 the density of air in kilograms per cubic meter, and ¢g 18 the speed of
sound of the gas at design temperature in meters per second. Using the results of
the analyses in Chapter 10, for the power dissipated in the partition by the free
bending waves, one obtains the following approximate formula for the random-
incidence sound absorption coefficient @™ of a single, flexible, homogeneous,
isotropic, nonporous partition:

i 10Tl | 21200000 8.9)
puh*cpw?
where TLpype = random-incidence sound transmission loss of panel (measured or
predicted according to Chapter 10)
o == angular frequency, = 2= f
f = frequency, Hz
Or¢ = radiation efficiency of free bending waves (see Chapter 10)
om = density of plate material, kg/m>
h = plate thickness, m
¢y, = speed sound in plate matenal, in m/s

The second term on the right side of Eq. (8.9) is strictly valid only if the ratio
of the power loss through dissipation and sound radiation by the free bending
waves exceeds unity, (hApyonc/poco0we) > 1, which is almost always the case
because oy,g strongly decreases with decreasing frequency below the coincidence
frequency of the plate. In Eq. (8.9) the first term represents the loss of energy
by the transmission of sound into the receiver space as defined in Chapter 10.
The second term represents the combined contribution of the dissipation of the
free resonant bending waves in the plate and energy loss in the form of vibration
energy transmission to neighboring structures at the boundaries. It is interesting
to note that this second term does not depend of the composite loss factor n¢ of
the plate (the TL of the plate of course depends on n¢ in the frequency range at
and above the critical frequency where the free bending waves control the sound
radiation). The physical reason for this is that in the case of a small loss factor
the plate vibrates more vigorously and the combination of the increased vibration
and decreased loss factor results in the same dissipation as happens in the case
of a larger loss factor and less vigorous vibration response.

While the first term in Eq. (8.9) is valid for any type of partition (including,
e.g., double walls and inhomogeneous and non isotropic plates), the second term
is valid only for single, homogeneous, 1sotropic, platelike partitions. In case of
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double walls or double windows the first term will exhibit a peak at the double-
wall resonance frequency where the TL has a sharp minimum. In the case of
double partitions made of two isotropic, homogeneous plates with air space in
between, the second term in Eq. (8.9) can be crudely approximated by entering
the parameters of the source-side plate nto the second term.

8.3 SOUND ABSORBERS USING THIN LAYERS

For the purposes of this chapter, we call those constructions “sound absorbers”
which have been designed on purpose to yield high sound absorption in a narrow
or wide frequency band. The rest of this chapter deals with the design of such
absorbers. We start with those absorber configurations which can be described
by a few directly measurable parameters, such as a thin, How-resistive layer in
front of an air space backed by a rigid wall that can be fully characterized by its
flow resistance and mass per unit surface area, and will proceed to configurations
utilizing thick porous layers and to tuned absorbers.

Thin, Flow-Resistive Layer in Front of Rigid Wall

A sound absorber that consists of a thin, flow-resistive material in front of a rigid
wall with an air space in between, such as shown in Fig. 8.1, is the configuration
for which it is the easiest to predict acoustical performance. Accordingly, it is
logical to treat it first. The flow-resistive layer might be rigid or flexible.

The sketch on the left in Fig. 8.1 depicts a configuration where the air space
between the rigid porous layer and the rigid wall i1s partitioned in a honeycomb
pattern to prohibit propagation of sound parallel to the plane of the porous layer.
This absorber configuration is called locally reacting because the sound field in
the absorber depends only on the sound pressure on the interface at the location
of the particular honeycomb cell. The sound mn the absorber can propagate only
perpendicular to the plane of the wmterface. The sketch on the right in Fig. 8.1 has
no partitioning of the air space and the sound can propagate within the absorber
parallel to the plane of the interface. The sound pressure at any particular location
in the air space depends on the sound pressure on all the locations on the sound-
exposed face of the absorber. This configuration is.called a non—locally reacting
sound absorber.

Rigid Porous Layer

A thin, rigid, flow-resistive layer can be fully characterized by a single parameter,
namely 1its flow resistance Ry or its normalized impedance z’ = Ry /(poco), where
po is the density and ¢g is the speed of sound of the fluid. The normalized
impedance of the partitioned awr space 1s z”7 = j cot(ks), where k == 2/} is the
wavenumber, A is the wavelength of the sound, and ¢ is the depth of the air space.
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FIGURE 8.1 Thn porous sound-absorbing layer in front of an air space backed by a
rigid wall. Left: Partitioned, locally reacting air space. Right: Not partitioned, non-~locally
reacting air space.

iy

The normalized wall impedance for normal incidence, § = 0, is then given by
/ s i Rf o
Zwo =L 4 Jz7 = E + j cot(kt) (8.10)

The impedance of the air space is zero when cot(kt) = 0, which is the case at
those frequencies where the depth of the air space is an odd number of quar-

ter wavelengths. The maximum value of the normal-incidence sound absorption
coefficient is ,
4z

drey (®.11)

@0, max =

indicating that total absorption occurs for z’ = 1. According to reference 4, the
normal-incidence sound absorption coefficient is given by

ao(f) = (EL)O'SWL(EO’CQ)&S Ty o (2 i 8.12
o £oCo Ry _R_f_cg (_’:‘(;_) ¢12

Ingard* has computed the sound absorption coefficient of a rigid, flow-resistive
layer in front of a locally reacting (partitioned) and non-locally reacting
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(unpartitioned) air space backed by a rigid wall for both normal and random
incidence, as shown in Fig. 8.2.

Figure 8.2 shows that for a locally reacting air space the maximum normal-
incidence sound absorption coefficient occurs at those frequencies where the
depth of the air space corresponds to an odd multiple of quarter wavelengths
[t = (n+ Di/4, where n = 0. 1,2, ... ]. The physical reason for this is that the
sound pressure in the partitioned air space just behind the porous layer is zero
at these frequencies (the sound that 1s fully reflected from the hard wall is 180°
out of phase with the incident sound). Consequently, the sound pressure gradient
across the porous layer, Ap, reaches its maxumum value that is numerically equal
to the sound pressure on the incident side of the laver, namely Ap = py(1 + R),
where piye 18 the amplitude of the incident sound and R is the reflection factor:

R = Br = poco
- Ry + poco

This pressure gradient produces a particle velocity v = Ap/R; through the
porous layer and the sound power dissipated per unit surface area of the absorber,

WS oy Ap = (Pine)* (1 + RY?

Ry
In the case of Ry = ppcy, R =0 and W = (pie)?/(poco) = W™, indicating
that all of the incident sound energy is dissipated in the porous layer. For val-
ves of Ry # poco, the sound absorption coefficient still is a maximum but less
than unity. The more R differs from poco, the smaller is the sound absorption
coefficient.

The maxima of the random-incidence sound absorption coefficient for a par-
titioned air space occur at the same frequencies as those at normal incidence.
However, there is no value of Ry that would yield total absorption.

Another sigpificant feature to be noted from Fig. 8.2 is that for a partitioned,
locally reacting air space curves for both the normal and random-incidence sound
absorption coefficients versus frequency have notches (zero absorption) at fre-
quencies that correspond to an even multiple of half wavelengths. This occurs
because at the corresponding frequencies the sound reflected from the hard wall
combines at the rear of the porous layer with the incident sound in such a
manner that there is no sound pressure gradient across the porous layer and
consequently no sound is absorbed at these frequencies. This does not affect the
random-incidence sound absorption coefficient obtained for the not partitioned
(non-locally reacting) air space, as shown in the curves marked c¢. The advantage
of not having notches in curves of the random-incidence sound absorption coef-
ficient versus frequency must be “paid for” by having substantially lower sound
absorption at low frequencies. The most important observation from Fig. 8.2 is
that it is not possible to achieve a high sound absorption coefficient with a rigid
porous layer in front of an air space backed by a rigid wall unless the thickness
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FIGURE 8.2 Sound absorption coefficient of a single, rigid, flow-resistive layer in front
of an air space of thickness ¢ backed by a hard wall as a function of the normalized
frequency in the form of air space thickness—wavelength ratio ¢/A = ¢ f/co with the nor-
malized flow resistance of the layer, Ry/pocy, as the parameter: g, normal incidence;
b, random-ncidence, locally reacting awr space; ¢, random-incidence, non—locally reacting
air space. (After Ref. 1)
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of the air space exceeds one-eighth of the wavelength. -For example, an air space
thickness of 0.4 m (17 in.) or more is necessary to achieve a high degree of
sound absorption at 100 Hz.

As we will discuss below, substantial low-frequency sound absorption can be
achieved with an air space thickness of less than one-eighth of the wavelength
if the porous layer is not nigid.

Limp Porous Layer

It is little known that sound absorbers using a limp, How-resistive layer can
provide high sound absorption at much lower frequencies than those with a
rigid layer. However, caution should be exercised in designing such absorbers
for applications where the sound pressure is very high. The limp, flow-resistive
layer (e.g., heavy glass fiber cloth or stainless steel wire mesh) should be able
to withstand the stresses owing to the high-amplitude sound-induced motion
without fatigue. If the porous sound-absorbing layer is limp instead of being
rigid, the mass per unit area of the layer and the stiffness per unit area of the air
space between the layer and the hard wall result in a resonant system. Near the
resonance frequency the limp porous layer will exhibit large-amplitude motion.
Approximately, the resonance frequency fie is given by

1 /ipoco)*\?
ﬁcswg(«pf;,f) ) Hz v (8.13)

where « = 1.4 is the adiabatic compression coefficient, ¢ is the thickness of the
air space in meters, and m” is the mass per unit area of the limp porous layer in
kilograms per square meter. The analytical model to predict the sound absorption
coefficient of sound absorbers utilizing a limp porous screen is documented in
reference 1. The computer program on the CD included in reference 1 allows
prediction of the normal- and random-incidence sound absorption coefficient of
such absorbers with locally reacting and non-locally reacting air space. The
data in Figs. 8.3-8.5 were computed this way and show the sound absorption
coefficient as a function of the normalized frequency, f, =7/A =t f/co, with the
normalized flow resistance of the limp porous layer (R £/ poco) as a parameter
for various ratios of the mass of the limp layer and the mass of air in the air
space behind, MR = m" /tpy.

Figure 8.3 shows that the first maximum of the normal-incidence sound absorp-
tion coefficient occurs close to the mass—spring resonance frequency given by
Eq. (8.13). The higher is the mass ratio MR = m”/ pot, the lower is the frequency
of the peak sound absorption. For MR = 16 the frequency of the peak occuars at
a frequency that corresponds to a normalized frequency f, = 0.03. This is more
than a factor of 8 lower than the peak at f, = 0.25 one would obtain with a
ngid porous layer. Also note that the first peak of the normal-incidence sound
absorption coefficient is unity (100% absorption) if the mass ratio equals the nor-
malized flow resistance (i.e., when MR = R 7/ poce). To achieve a relatively high
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FIGURE 8.3 Normal-incidence absorption coefficient of a single, limp, flow-resistive
layer in front of an air space of thickness  backed by a rigid wall as a function of the
normalized frequency in the form of the thickness—wavelength ratio 7 /4 = ¢f/cg with the
normalized flow resistance of the layer, R 7/Poco, as the parameter for mass ratios MR.
(After Ref. 1))
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FIGURE 84 Random-incidence absorption coefficient of a single, limp, flow-resistive
layer in front of a partitioned (locally reacting) air space of thickness z backed by a rigid
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ratio ¢/} == tf/cy with the normalized flow resistance of the layer, B¢/ poco, as the param-
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~ FIGURE 85 Random-incidence absorption coefficient of a single, limp, flow-resistive
layer in front of a not-partitioned (non-locally reacting) air space of thickness ¢ backed
by a rigid wall as a function of the normalized frequency in the form of the thick-
ness—wavelength ratio 1/A = tf/co with the normatized flow resistance of the layer,
Ry/pocy, as the parameter for mass ratios MR. (After Ref. 1.)
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low-frequency absorption in a wide frequency band, a normalized flow resistance
Ry /pocy of between 2 and 3 seerus to be a good choice.

Figure 8.4 shows the random-incidence sound absorption coefficient as a fune-
tion of the normalized frequency computed for a locally reacting (partitioned) air
space. Sufficient distance must be provided between the limp porous layer and the
honeycomb configuration used to partition the air space to prevent the limp layer
from hitting the honeycomb layer at the largest expected displacement amplitude.
Curves of the absorption coefficient versus the normalized frequency have similar
shape as those in Fig, 8.3 for normal incidence, except that no combination of the
design parameters results in total absorption. To obtain substantial low-frequency
sound absorption, the mass ratio MR = 2 geems to be a good choice.

Figure 8.5 shows the random-incidence sound absorption coefficients for a
non-—locally reacting (unpartitioned) air space. Note the very different behavior
from that observed for the partitioned air space in Figs. 8.2 an 8.3. The first,
and undesirable, difference is that no combinations of parameters yield random-
incidence sound absorption coefficients much above ¢ ey = 0.8. The second, and
desirable, attribute of the nonpartitioned air space is that there are no notches in
the frequency response where the absorption coefficient would go to zero, as was
the case for the partitioned air space.

Multiple Limp Porous Layers

As documented m reference 1, very high sound absorption at low frequencies
can be achieved over nearly four octaves by placing a large number (up to
16) of limp, porous layers of low-flow resistance m front of a rigid wall, The
computer program supplied with reference 1 allows the prediction of the normal-
and random-incidence sound absorption coefficients of such absorbers and the
optimization of performance by trial and error varying the flow resistance, mass
per unit area, and number and position of the layers.

8.4 POROUS BULK SOUND-ABSORBING MATERIALS
AND ABSORBERS

Porous bulk sound-absorbing materials are utilized in almost all areas of noise
control engineering. This section deals with the following aspects:

1. description of the key physical attributes and parameters that cause a porous
material to absorb sound,

2. descrption of the acoustical performance of porous sound absorbers used
to perform specific noise control functions,
3. compilation of acoustical parameters that allow the quantitative design of

sound-absorbing configurations on the bases of material and geometric
parameters, and
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4. experimental methods for measuring the acoustical parameters of porous
sound-absorbing materials and the acoustical performance of porous sound
absorbers.

Porous materials used for sound absorption may be fibrous, cellular, or granu-
lar. Fibrous materials may be in the form of mats, boards, or preformed elements
manufactured of glass, mineral, or organic fibers (natural or man made) and
include felts and felted textiles. Applications of fibrous materials in silencers
require some form of protective covering. The most common covering consists
of perforated metal with a fiberglass cloth behind. Sometimes metal screens are
mserted between the perforated metal and fiberglass cloth. Cellular materials
include polymer foams of varymg degrees of rigidity and porous metals. For
special applications increasing use is bemg made of porous metals (e.g., alu-
minum foams) as sound absorbers. During manufacture, before solidification,
metal foams have closed cells, that 1s, without interconnections. At this stage
such materials are poor sound absorbers. However, as liquid-metal foams solid-
ify, thermal stresses occur. The solidified foams usually have cracked cell walls,
which significantly increases sound absorption. In addition, by slightly rolling
thin sheets of foam from, say, a thickness of 10 to 9 mm, further mechanical
cracking occurs, and the interconnections between adjacent cells widen. This
increases sound absorption even more. The result is an absorption coefficient
versus frequency that has a maximum between 1 and 5 kHz and a peak value
of up to 95%. By placing an air gap Between metal foam and a rigid wall, one
can shift the frequency curve to lower frequencies. In comparison with other
materials, glass wool, for example, which gives high absorption over a wide fre-
quency range, metal foams are not very good sound absorbers. However, the high
weight-specific stiffness, good crash-energy absorption ability, and fire resistance
of porous metals make them suitable for sound absorption panels in the aircraft
and automotive industries.

Granular materials can be regarded as an alternative to fibrous and foam
absorbers in many indoor and outdoor applications.® Sound-absorbing granular
materials combine good mechanical strength and very low manufacturing costs.
Granular materials may be unconsclidated (loose) or consolidated through use of
some form of binder on the particles as m wood-chip panels, porous concrete,
and pervious road surfaces. As well as man-made granular materials, there are
many naturally occurring granular materials, including sands, gravel, soils, and
snow. The acoustical properties of such materials are important for outdoor sound
propagation.

A common feature of porous sound-absorbing materials is that the pores are
interconnected and have typical dimensions below 1 mm, that is, much less than
the wavelengths of the sounds of interest in noise control.

Porous materials must be considered to be elastic if they are in the form of
flexible sheets. However, in many cases, the stiffness of the solid frame of the
material is much greater than that of air so that the material may be treated as
if it were rigid over a wide range of frequencies. This means that such materials
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can be treated as lossy, homogeneous media. This chapter will be confined to
porous materials that may be treated as rigid framed.

How Rigid Porous Materials Absorb Sound

When excited by an incident sound wave, the air molecules in the pores of a
porous material are made to oscillate. The proxumity of the surrounding solid
means that the oscillations result in frictional losses. An snportant factor that
determines the relative contribution of frictional losses is the size (width) of the
pores relative to the thickuess of the viscous boundary layer. At low frequencies
the viscous boundary layer thickness might be comparable with the pore width
and the viscous loss is high. At high frequencies the viscous boundary layer
thickness may be significantly less than the pore size and the viscous loss is
small. At such high frequencies the oscillating flow is “pluglike.” However, the
presence of the solid causes changes in the flow direction and expansions and
contractions of the flow through irregular pores, resulting in loss of momentum
in the direction of wave propagation. This mechanism is relatively important at
higher frequencies. In the larger pores and at lower frequencies heat conduction
also plays a part in energy loss. During the passage of a sound wave, the air in the
pores undergoes periodic compression and decompression and an accompanying
change of temperature. If the solid part of the material is relatively heat conduct-
ing, then the large surface-to-volume ratio means that during each half-period of
oscillation there is heat exchange and the compressions are essentially isother-
mal. At high frequencies the compression process is adiabatic. In the frequency
range between isothermal and adiabatic compression the heat exchange process
results m further loss of sound energy. In a fibrous material this loss is especially
high if the sound propagates parallel to the plane of the fibers and may account
for up to 40% of sound attenuation (energy lost per meter of propagation). The
losses from forced mechanical oscillations of the skeleton of a porons material
are generally so low that it is reasonable to neglect them.

Physical Characteristics of Porous Materials and Their Measurement

Porosity. The gravimetric measurement of porosity requires the weighing of
a known volume of dry material. Since in mexpensive fibrous materials, such
as mineral wool, the large droplets (or shot with diameter over 100 pm) may
constitute up to 30% of the weight, their contribution to the acoustical porosity
should be disregarded. Shot can be separated from fiber by a centrifuge process.
The dry weight can be used together with the sample volume to calculate the

bulk density pp. Subsequently an assumed solid density is used to calculate the
porosity # from

h=1-24 (8.14)
PB

For glass fiber and mineral wool products the density of the fiber material 1s pp =
2450 kg/m® For silica sand, the density of the mineral grains is 2650 kg/m®. A
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gravimetric method which may be used with some consolidated granular materi-
als is to saturate the sample with water and deduce the porosity from the relative
weights of the saturated and unsaturated samples. Mercury has been used as the
pore-filling fluid in some applications (e.g., soils), but for many materials the
mtroduction of liquids affects the pores. Following a proposal of Cremer and
Hubert,” Champoux et al.’% have developed a dry method of porosity determi-
nation which is based on the measurements of the change in pressure within a
sample container subject to a small known change in volume. The lid of the
container 18 a plunger, which is driven by a precise micrometer. The pressure
inside the chamber is monitored by a sensitive pressure transducer and an air
reservoir connected to the container through a valve serves to isolate the sys-
tem from fluctuations in atmospheric pressure. The system has been estimated
to deliver values of porosity accurate to within 2%. An important feature of the
method from the point of view of acoustical properties is that it measures the
porosity of connected air-filled pores. However, the gravimetric methods do not
differentiate between sealed pores and connected pores. Recently a new method
for determining porosity based on a simple measurement of displaced air volume
has been proposed.!! This has the advantage that it does not require compensation
for temperature, as does the method of Champoux et al.!0

An alternative method which may be used with some consolidated materials
1s o saturate the sample with water and deduce the porosity from the relative
weights of the saturated and unsaturated samples.

An acoustical (ultrasonic) impulse-method for measuring porosity using the
unpulse reflected at the first interface of a slab of air-saturated porous material
has been proposed and has been shown to give good results for plastic foams!2~1*
and random bead packing. '’

The porosity of a stack of spherical particles depends on the form of the pack-
mg, ranging from 0.26 for the densest packing (face-centered-cubic) to 0.426 for
simple-cubic packing.'® A random packing of spheres has a porosity of 0.356.17
An approximaie value that may be assurmed for the porosity of a granular material
is 0.4,

Typical ranges of values of porosity are listed in Table 8.1.

Tortuosity. The tortuosity of a porous solid is a measure of the irregularity
of the fluid-filled paths through the solid matrix. At very high frequencies, it is
responsible for the difference between the speed of sound in air and the speed
of sound through a rigid porous material. Tortuosity is related to the formation
factor used to describe the electrical conductivity of a porous solid saturated
with a conducting fluid. Indeed, tortuosity can be measured using an electrical
conduction technique 1 which the electrical resistivity of such a saturated porous
sample is compared to the resistivity of the saturating fluid alone. Thus

T= - (8.15)
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TABLE 8.1 Measured and Calculated Values of Porosity and Tortuosity

Porosity, Method of |Tortuosity, Method of
Matenal h Determination T Determination
Lead shot, 3.8 min 0.385 Measured by | 1.6 Estimated as « = 1/¢%°
particle size weighing (fits acoustic data)

1.799  Cell model predictons®
Gravel, 10.5 mm grain 0.45  Measured by 1.55 Deduced by fitting surface

size weighing admittance data
Gravel, 5-10 mm grain | 0.4 Measured by 146  Deduced by fitting surface
size weighing admittance data

Glass beads, 0.68 mm® | 0.375 Unspecified 1742 Measured®
1.833  Cell model predictions®

Coustone® 0.4 Unspecified 1.664 Measured®
Foam YB10? 0.61  Unspecified 1.918  Measured®
Porous concrete 0.312 Measured 1.8 Deduced by fitung surface
admittance data
Clay granulate, Laterlite, | 0.52 125 Deduced by fitting surface
1-3 mm grain size admittance data
(assuming porosity of
0.52)
Olivine sand 0.444 Measured 1.626  Cell model predictions®
Alominum foam 0.93  Measured by 1.1 Ultrasonic measurements
weighing {laser-generated pulses)
1.07  Deduced by fitting surface
admittance data

Polyurethane foam
{Recticel Wetter,

Belgitm)
Sample w14 098  Measured 1.06  Measured
Sample w24 0.97 Measured 1.12 Measured

“From Ref, 20.
*From Ref. 26.
“From Ref. 11.
“From Ref. 27.

where F is the formation factor defined by
F == (8.16)
of

where oy and oy are the electrical conductivities of the fluid and the fluid-
saturated sample, respectively. These in turn are defined by

o= (8.17)
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where L is the length of the sample, A is the area of the end of the sample, and

G is the ratio of the resulting current to the voltage applied across the sample.

To measure the formation factor, first a cylindrical sample of the material
is saturated with a conducting fluid (brine solution is convemient). Saturation
is achieved by drawing the fluid through the sample after forming a vacuum
above it. Agitation of the sample is also required if the pore sizes are small.
A voltage is applied across the saturated sample placed between two similarly
shaped electrodes at a known separation. The conductivity of the fluad 1s measured
at similar voltages within a separate fluid-tight unit. The use of separate current
and voltage probes assures a good contact between the end of the sample and
the electrodes, eliminates problems associated with voltage drop at the current
electrodes, and allows the simultaneous measurement of the electrical resistivities
of the fluid and the saturated porous material.

The tortuosity of a random stacking of glass spheres is given by 1/+/%.18 This
has been verified for a range of porosities from 0.33 to 0.38 and 1s a special case
of the relationship

T=h" (8.18)

where n’ depends on grain shape and has the value 0.5 for spheres.’”
An alternative derivation for stacked identical spheres®® gives

1—h
T =14 —— .
ot (8.19)

The equivalent formula for the tortuosity of a system of identical parallel
fibers is

T == p (8.20)
This means that the tortuosity of a typical fibrous material used in noise control
is a littde larger than 1 since the porosity is close to (but never greater than) 1,
In a rigid porous material, tortuosity is one of the properties that contribute to
the “structure factor” used in classical descriptions and is related to the “added
mass” that is used in the theory of propagation of sound in porous and elas-
tic materials.*! The structure factor, introduced in classical texts, is intended
to include frequency-dependent thermal effects (complex bulk modulus) and
{requency-dependent effects due to fiber motion. This means it can only be deter-
mined by acoustical means. For characterizing the acoustical properties of a bulk
porous material, tortuosity is preferred over the structure factor since it has clear
physical meaning and can be deduced by nonacoustical means in many cases.

At the highest frequencies, the speed of sound inside the rigid porous material
13 equal to the speed of sound in air divided by the square root of tortuosity. Since
it is primarily responsible for the acoustical properties of porous materials at
high audible or ultrasonic frequencies, tortuosity can be deduced from ultrasonic
measurements.”

Some representative values of tortuosity are listed in Table 8.1.
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Flow Resistance and Flow Resistivity. The most important parameter in
determining the acoustical behavior of thin porous materials is the airflow resis-
tance Ry, For bulk-, blanket-, or board-type porous materials the flow resistivity
(specific flow resistance per unit thickness) Ry = Ry/Ax, where Ax is the thick-
ness of the layer, is the key acoustical parameter. The flow resistivity IS a measure
of the resistance per unit thickness inside the material experienced when a steady
flow of air moves through the test sample. Flow resistance Ry represents the
ratio of the applied pressure gradient to the induced volume flow rate and has
units of pressure divided by velocity. If a material has a high flow resistivity
{(high flow resistance per unit thickness), it means that it is difficult for air to
flow through the surface. In disciplines other than noise control engineering (e.g.,
geophysics), it is more common to refer to air permeability (k), which is related
to the mverse of flow resistivity (k = n/R,, where n is the dynamic coefficient
of air viscostty). Since flow resistivity is related to the inverse of permeability,
high flow resistivity implies low permeability. Typically, low permeability results
from very low surface porosity.
Flow resistance is measured as
Ap TS Ap

R e I
7 v \%

N.s-m™> orPa-s-m™" (mks rayls) {8.21)

From this the flow resistivity is obtained as

R = % N-s-m™ orPa-s m™2 (mks rayls/m) (8.22)
where Ap is the static pressure differential across a homogeneous layer of thick-
ness Ax, v is the velocity of the steady flow through the material, V is the volume
of air passing through the test sample during the time period 7, and § is face
area (one side) of the sample.

Since Ry generally depends on the velocity v, it is customary to measure it
at a number of different flow rates and extrapolate measured Ry versus v to
Ry (v = 0.05 cm/s) because below this particle velocity the flow resistance of
most fibrous materials does not depend any more on the velocity. The fact that,
in general, flow resistivity depends on particle velocity becomes important when
considering the behavior of porous absorbers at high sound levels.

The measurement of the flow resistance and flow resistivity of porous building
materials has been standardized on a compressed-air apparatus.”® A similar appa-
ratus may be used to determine the flow resistivity of soils or granular matenals
(Fig. 8.6). In this measurement the pressure gradient across the sample in a fixed
sample holder is monitored together with various (low) flow rates. Compressed
air 1s passed through a series of regulating valves and a very narrow opening into
chamber E. This creates an area of low pressure mnmediately in front of the three
tubes connected to the rest of the system. Air 1s drawn from the environment
through the sample as a result of the pressure differential. The rate of atrflow
through the system is controlled by three flowmeters, giving a total measurement
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FIGURE 8.6 Concept sketch of a compressed-air apparatus for laboratory measurement
of flow resistance.

range between 8.7 and 0.1 L/min. Typically the flow rate must be kept below
3 L/min to avoid structural damage to the sample.

A comparative method”® makes use of a calibrated known resistance (a
laminar-flow element) placed in series with the test sample. Variable-capacitance
pressure transducers are used to measure pressure differences across both the
test sample and the calibrated resistance. For steady, nonpulsating flow, the
ratio of flow resistances equals the ratio of measured pressure differences. The
airflow may also be controlled electronicaily. A unigue method of measuring
flow resistance by Ingard' does not require any flow-moving device, flow-rate
meter, or static pressure differential sensor, just a stop watch. In this test setup
the awrflow (after the piston reaches its terminal velocity) is forced trough the
sample, located ‘at the open bottom end of the tube, at a constant rate driven
by the static pressure differential Ap = Mg/S, determined by the weight, Mg,
of a tightly sliding piston in the sample holder tube and by the cross-sectional
area § of the piston. The factor g = 9.81 m/s” is the acceleration due to gravity.
The flow resistance of the sample is then inversely proportional to the time 7}
required for the piston to travel a specific distance L. The flow resistance of
the sample is deterrined as R ¢ == ClMg cos(®)/LA%] ST;, where A is the free
surface area of the sample and ® is the angle of tube axis with the vertical. For
vertical tube orientation ® == (. The small leakage flow between the piston and
the tube wall, which is of consequence only if the sample has a very high flow
resistance, 1s accounted for by the correction factor

1+ T/Ty
- TL/ TClosed
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where Trp and Toyeeq are respectively the piston travel times with the sample
removed and when the end of the tube is air tightly closed. The variation of
the flow rate through the sample (needed to extrapolate the flow resistance to
5 x 10™* m/s) can be accomplished by either changing the tube axis angle & or
mcreasing the mass of the piston.

Empirical Prediction of Flow Resistivity. According to private contmunica-
tions with Richard Godfrey® of Owens Corning Corporation, the flow resistivity
of fibrous sound-absorbing materials can be approximately predicted by a slightly
modified version of Eq. 10.4 of the 1971 edition of this book. The modified

equation is
3450 [ ( SpGrGlass 133 .
Ry =~ N m/ 8.23

VTR [(SpGrFiber) pb“”‘} > (8.23)

where d is the average fiber diameter in micrometers (107° my), SpGrGlass and
SpGrFiber are the specific gravities of glass and that of the actual fiber material,
and ppun 18 the bulk density (with shot contribution deducted) of the fibrous
material in kilograms per cubic meter. Note that 1 pm = 4 x 107 in. and that
Poulk & pyh, where py is the density of the fiber material and h is the poros-
ity. It has been found that flow resistivity values measured according to the
American Society of Mechanical Engineers (ASME) Standard E 522 for the
entire glass fiber-based product line of different bulk densities and fiber diameters
are successfully predictable by Eq. (8.23) with a correlation coefficient of 0.93.
Equation (8.23) also can be used for predicting the flow resistivity of polymer-
based fibrous sound-absorbing materials. For the same bulk density, the polymer
fibers have approximately 2.5 times as much surface area and flow resistivity as
glass fibers.

Theoretical Prediction of Flow Resistivity. For almost all granolar or fibrous
sound-absorbing materials, the flow resistivity cannot be predicted analytically
on the basis of the geometry of the skeleton. It must be measured. For a few ide-
alized absorber materials, such as materials made of identical spheres or parallel
identical fibers, it is possible to make such a prediction. Since the prediction for-
mulas identify important parameters that might be used to scale flow resistivity
data measured for a specific material composition to other compositions I cases
where direct measurement of the flow resistivity is not feasible, it is instructive
to consider at least one idealized case where theorstical prediction is possible.
For stacked identical spheres with radius r it can be shown that®

1 I -h) 51— 0)
== : 8.24
Ri=17 2r2p2 5 — 903 + 50 — @2 (8.24)

where % 18 the porosity and

3

& =
A 25

(1—hy=0675(1 - h) (8.25)
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The equivalent formula for the flow resistivity of a system of identical parallel B

fibers of radius r is%>

L 160k {1 — A)
T r2p [(1 — 8T ++ 8T (1l — ) — (1 — )% -~ 2 In(] - h)]

R

where I" ~ 0.577. This formula overestimates the flow resistivity of fibrous mate-
rials as a consequernice of shot content, random fiber orientation, and distribution
of fiber diameters in a real material.

Analytical Characterization of Porous Granular or Fibrous Sound-
Absorbing Materials. For certain idealized microstructures such as parallel,
identical cylindrical or slitlike pores, it is possible to make straightforward ana-
Iytical predictions of the acoustical properties.!"'>?! Althongh analytical charac-
terization of porous granular or fibrous sound-absorbing materials with arbitrary
microstructures is possible, it is a relatively complex procedure.?’ -3 Moreover,
at present, many of the required parameters are not routinely available to prac-
ticing noise conirol engineers. Consequently, the analysis is not reviewed in this
chapter. For a comprehensive introduction to recent analytical treatments, the
reader should consult reference 21. Semiempirical formulas for the acoustical
properties of fibrous materials have been derived based on such a sophisticated
analytical treatment.>? Tt should be noted, also, that empirical formulas have been
derived that predict the acoustical properties of granular media from knowledge
only of porosity, grain density, and mean grain size.’3

Acoustical Properties of Porous Materials. The acoustical properties of
porous sound-absorbing materials are characterized by their complex propagation
constant k, and complex characteristic impedance Zg,, which are defined by

p(x, 1) = peTherel®  N/m? (8.27)
(P&, D)y = Zcalve(x, 1))y Nfm® (8.28)

where p represents the amplitude at x == 0 and (- - -} represents an average per-
pendicular to the propagation direction (x) over an area that is small compared
with the wavelength but large compared with the size of pores. The propagation
constant

k=8 — ja

includes the attenuation constant o, which may be obtained by using a probe tube
microphone to measure the decrease of the sound pressure level (in nepers per
meter) of a plane sound wave propagating in a very thick layer of matenal. The
phase constant 8 is obtained by measuring the change of phase with distance. It is
equal to the angular frequency divided by the frequency-dependent sound speed
within the material. The complex characteristic impedance Z¢, = R, — X ¢4 18
obtained by measuring the surface impedance of a thick layer (sufficiently thick

(8.26)-
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that reflection from the end is not detectable) of the absorber material placed in
an impedance tube.

An alternative to use of a thick sample with a practically “infinite length” is to
use a sample of known finite length and to measure the transfer function between
two microphories located in an impedance tube with the loudspeaker source at
one end and the sample at the other (closed) end.* A broadband input signal such
as white noise or a sine sweep can be used. By means of a frequency analysis,
output signals from the microphones are used to calculate the transfer function,
which is converted to the surface impedance of a sample. The characteristic
impedance and propagation constant of a sample can be obtained as long as two
distinct sets of surface impedance are measured. This can be realized by using
either two samples of different thicknesses™ or a single sample backed with two
different lengths of air cavities.”® For the former, the two-thickness method, it is
convenient if the length of the second sample is double that of the first. In the
two-cavity method, the difference in the lengths of the air cavities needs to be
tuned to fit the frequency range of interest together with the tube diameter and
the microphone spacing.

Empirical Predictions from Regression Analyses of Measured Data

There are two families of parameters that determine the sound absorption
coefficient. The characterization would be simplest if both k¥ and Z¢ could be
expressed in terms of a single parameter. Figure 8.7a shows the measured®’
normal-incidence sound absorption coefficient ¢ of different Rockwool materials
of practically infinite thickness (between 0.5 and 1 m, depending on the bulk
density of the absorber material) as a function of frequency with bulk density
of the material as parameter. Figure 8.7a clearly indicates that the bulk density
18 not the parameter that would collapse the measured data points into a single
curve.

In 1970, Delany and Bazley®® used many measurements on fibrous materials
to deduce semiempirical formulas based on the dimensioned parameter (f/R;).
Equations (8.29a) and (8.29b) are valid only if the frequency f is entered in hertz
(s™%) and the flow resistivity Ry in mks rayls per meter (N -s - m™*). Although
they have been used widely and successfully, Delany and Bazley’s formulas
give rise to unphysical results at low frequencies. In particular, the real part of
the surface impedance of a rigid-backed layer goes negative. Miki’s model®
represents a modification of these formulas based on Delany~Bazley’s data and
an electrical analogy for the acoustical properties of porous materials. Miki’s
formulas are as follows:

k p()f -0.618 ) pOGf —0.618
ko = — = 1+0.100 | — — j0.160 [ —— 8.29
an ko + ( R ) J R ( a)

ZC ;0(}f —0.632 . (pof)-—o‘é}Z
= e . — — jO. — 290
Zen Zs 1+0.070 ( R, ) Jj0.107 R, (8.29)
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FIGURE 8.7 Normal-incidence sound absorption coefficients of different rock wool
materials of practically infinite thickness (0.5—1 m) measured in an impedance tube plotted

as a function of (a) frequency with bulk density o, as parameter and (b) nondimensional
frequency parameter pg f/Ry = poco/(RiA).

Figure 8.7b shows the same data points as Fig. 8.7a but now as a function of the
dimensionless variable E = pg f/Ry on the horizontal scale, where pg is the den-
sity of air, f 1s the frequency, and Ry is the flow resistivity of the bulk material
at the density at which o was measured. Clearly E = pof/ Ry = poco/rRy is the
single parameter that collapses all measured data. According to Fig. 8.7b, even for
a layer of practically infinite thickness, very high sound absorption is obtainable
only in the frequency range where (A/4)Ry < poco. To fulfill this requirement at
low frequencies, where X is large, requires the use of a sound-absorbing mate-
rial of low flow resistivity. The normalized, dimensionless frequency vanable

POROUS BULK SOUND-ABSORBING MATERIALS AND ABSORBERS 241

E = pof/Ry 1s useful in describing not only the sound-absorbing capability of
the semi-infinite layer of fibrous material but also the propagation constant and
characteristic impedance of the bulk material.

It is useful to present the propagation constant and characteristic impedance
in a dimensionless manner as

k. a-—jb
kpp = — = i n — Jby .
an ke % a, — jb {8.30a)
Z
Zen="5=R-jX (8.30b)
Zy

where ko = w/cy i the wavenumber in air and Zy = pocy is the characteristic
impedance of the gas filling the voids between the fibers for plane waves.

Figures 8.8 and 8.9 show plots of the real and imaginary parts of the normal-
ized propagation constant k,, and that of the normalized characteristic impedance
Zcy for a large variety of mineral wool sound-absorbing materials plotted as a
function of the normalized frequency parameter, indicating that indeed the nor-
malized frequency parameter E = py f/R; is a universal descriptor of fibrous
porous sound-absorbing materials. The data presented in Figs. 8.8 and 8.9 and
similar curves for glass fiber materials were obtained by careful measurements of
the acoustical and material characteristics {a, b, R, X, and Ry) of over 70 different
types of materials.?®

The solid lines in Figs. 8.8 and 8.9 result from the regression analyses of the
data and have the form

Ko = kﬁ = +a"E™) - jd E™ (8.31a)
0
ZC 7 _}3/ .y it __813
Zew= "= =(+VEP) - jb'E (8.31b)
¢

The regression parameters @', a”, b/, b”, o, &, §/, and " in Egs. (8.31) are com-
piled in Table 8.2 There are different regression parameters for the normalized
frequency regions below and above E = 0.025. It was found that measured
fibrous materials could be divided into two categories: (1) mineral wool and
basalt wool and (2) glass fiber.

Polyester Fiber Materials

Polyester fiber materials are used increasingly to replace glass and mineral fiber
matenials in situations where there is concern to keep the air completely free
of fibers suspected to have an adverse influence on health. An example mate-
nal consists of a mix of two kinds of fibers: (1) polyethylenterephtalate and
(2) a core of polyethylenterephtalate and a lining of copolyester. The raw mix
1s treated at 150°C to melt the external lining of the “bicomponent” fibers and
hence form a skeleton of thermally bound fibers. The fiber diameters are between
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TABLE 8.2 Regression Coefficients for Predicting Propagation Constant and
Characteristic Tmpedance of Fibrous Sound-Abserbing Materials

Material E Region b A b B” a” o’ a’ o

Mineral and  E <0.025 0.081 0.699 0.191 0.556 0.136 0.641 0.322 0.502
basalt wool E > 0.025 0.0563 0.725 0.127 0.655 0.103 0.716 0.179 0.663
Glass fiber E <0025 00668 0.707 0.196 0549 0.135 0.646 0.396 0458
E>0025 0.0235 0.887 0.0875 0.770 0.102 0.705 0.179 0.674
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FIGURE 8.9 Measured normalized charactenstic tmpedance Ze, = Z¢/Zg = R +iX
for mineral wool as a function of normalized frequency parameter £ = po f/Ry. ()

regression line: Eq. (8.20b); (- - - -) prediction for cylindrical pores.

17.9 and 47.8 pm (mean 33 pm) and have a mean length of 35 mm. Based on
measurements of 38 samples, the flow resistivity has been found to obey the
relationship*® ‘

Ry D?* = 260140 (8.32)

where D is the mean diameter in micrometers and p, the bulk density in kg/m®.
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TABLE 8.3 Regression Coefficients for Predicting Propagation Constant and
Characteristic Impedance of Polyester Fiber Materials

Matenal b B b B’ a’ o a’ a
Polyester fiber 0.159 0571 0121 0530 0078 0.623 0074 0.660

Regression coefficients for predicting acoustical properties of polyester fiber
materials are given in Table 8.3.3%

Plastic Foams

Since concerns about fire hazard and release of foxic combustion products can
be overcome largely by suitable treatments, plastic foams are used increasingly
for nowse control applications. A large variety of plastic foams are available
with several different types of physical structure. Polyurethane foams, based on
polyester or polyether polyols, are used most commonty. These foams can be
fully or partially reticulated, that is, with all membranes or with varying pro-
portions of membranes between cells removed. Formulas (8.31) with similar
regression coefficients to those for fibrous materials are applicable to plastic
foams.***> However, unlike with fibrous materials, it has not been found nec-
essary to distinguish between E-regions. The relevant regression coefficients are
listed i Table 8.4.

The first row of Table 8.4 also shews the comparable values obtained from
the empirical formulas of Delany and Bazley (ref. 38). Although these formulas

TABLE 84 Regression Coefficients for Predicting Propagation Constant and
Characteristic Impedance of Plastic Foams

Material v B/ 4 B’ a o a” a’
Mineral and glass 0.0571 0754 0.087 0732 0.0978 0700 0.180 0.593
fiber

Fully reticulated 0.0953 0491 0.0986 0.665 0.174 0372 0.167 0636
polyurethane foam,
60 < Ry < 6229

(Commings/Beadle)

Mixed plastic 0.209 0548 0.105 0.607 0.188 0.554 0.163 0592
foams,* 2900 <

Ry < 24300
Fully reticulated 0114 0360 0.0985 0.758 0.136 0491 0.168 0.795

polyurethane foam,
380 < Ry < 32007
Partly reticulated 0.279 0385 00831 0799 0267 0461 0.158 0.700
polyurethane foam,
Ry = 10,100°

“From ref. 43.
?From ref. 44.
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have been superseded by those due to Mechel (ref. 37) and Miki (xef. 39), they
serve to indicate that the coefficient values for plastic foams are significantly
different and that the Delany and Bazley relationships would not generally give
satisfactory predictions for the bulk properties of plastic foams.

Effects of Temperature

It sound absorbers or silencers designed to operate at high temperatures, it is
important to know the acoustical characteristics of the fibrous porous sound-
absorbing materials at design temperature. Fortunately, it 15 not necessary to
measure the propagation constant k£ and characteristic impedance Z¢ at design
temperature 7' because the values of these acoustical characteristics measured
at room temperature, 7y, can be scaled. The dimensionless frequency variable
E = pof/ R, must be evaluated at design temperature. Consider that the influence
of temperature on p and 7 18

T
o(T) = p(Tw;" (8.33)

T 0.5
n(T) = n{Ty) (%g) (8.34)

where 7 and T; are the design temperature and room temperature, respectively,
measured on an absolute scale (i.e., Kelvin and Rankine; K = °C + 273). Con-
sidering that p = po(T'/ To)™" and ¢ = ¢o(T/ To)*/?, the acoustical characteristics
at design temperature T (in Kelvin) are determined as follows:

w T -1/2
b(T) = bE(T) 2 (—-—) (8.354)
co \ 1o
~1/2
Ze(T) = ZenlE(T))(pco) (E) (8.35b)

where B{E(T)] and Zg,[E(T)] are the normalized attenuation constant and
normalized characteristic impedance according to Egs. (8.30) computed for
E = E(T) determined from Eqgs. (8.34) and (8.35). When fibrous sound-
absorbing materials are first used in high-temperature applications, the material
undergoes changes. For mats and boards the binder burns off. This decreases
the bulk density to a negligible amount. The burning off of the binder does
not appreciably change the flow resistivity. After the first high-temperature
exposure the glass or mineral fibers thicken. Their virgin diameter dy increases
to the bumed-off diameter dpor = dy -+ 0.5. This increase is approximately
0.5 pm. This increase in fiber diameter and corresponding decrease in flow
resistivity can be aceounted for by correcting flow resistivity measured at room
temperature by multiplying it by the factor (1 +0.5/dy)™* when calculating
Egor(To) = fpo/Ri(1+0.5/dy) ™.
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Example 8.1. Compute the real and tmaginary parts of the normalized propa-

gation constant and characteristic impedance of a very (practically infinite) thick
layer of glass fiber at a frequency of 100 Hz at 20°C and for 500°C and deter-
mine oy using the regression parameter values in Table 8.2, The flow resmtmty'
of the fibrous material at 20°C is R (Tp) = 16,000 N - sim* and pg = 1.2 kgfm

Solution
T, =273+20=293K T =273+500=773K
E(Ty) = % =12x 161%(())6 = 0.0075, which is <0.025
T -1.65 773 —1.65 2
= kS - =15x 1072,
E(T) = E(Ty) (T(;) = 0.0075 (293) % 102

which s <0.025
The regression parameters from Table 8.2 are

a =0.396
¥ =0.0668

a” =0.135
b" = 0.196

o =0.458
g = 0.707

" = 0.646
B =0.549

According to Egs. (8.35), we obtain the following:

Parareter At 20°C At 500°C
b=aE™¥ 3.72 778
a=1+a"E¥2a 4.18 10.0
R=1+bVEFR 3.12 7.62
X = b"EF 2.88 6.9

The normal-incidence sound absorption coefficient according to Eq. (8.36) is

. Zi
ZZ 4272 414272

Uy =
yielding

_[049  for20°C
¥ = 1025  for 500°C

8.5 SOUND ABSORPTION BY LARGE FLAT ABSORBERS

When considering sound absorption, the portion of a sound wave incident on the
absorber that is absorbed 15 a quantity of interest. This is easiest to define when
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the surface of the absorber is flat and sufficiently large that sound waves scattered
at the edges of the absorber can be neglected. For a plane incident sound wave,

it is possible to assign a sound energy absorption coefficient « for each point on
the absorber surface given by

__ absorbed energy

= =1-—|R? (8.36)
incident energy

where R 1s the reflection factor, which is defined as the ratio of the reflected and
incident sound pressures at the, mnterface. A high sound absorption coefficient
(& — 1) requires that |R| — 0. Noie that |R| = 0.1 corresponds to « = 0.99. In
this chapter we shall deal only with infinitely large, flat, homogeneous absorbers.
Bdge effects manifest themselves in increased sound absorption with increas-
ing perimeter—surface area ratio of the absorber.* Hdge effects are ivolved
also when npumerical values greater than 1 are obtained for random-incidence
absorption coefficients measured in reverberation rooms.

Plane Sound Waves at Normal Incidence

For plane waves of sound incident perpendicularly to an absorber it is suffi-
cient to know the complex normal specific surface impedance Z, = Z\| — jZ,
of the absorber, which 1s the ratio of sound pressure to the normul component
of the particle velocity at the interface (see Chapter 1). The reﬂectmn factor and
absorption coefficient are related by

Az A4k . (8.37)

Z1+Zy (Z' + Zo)* + Z*
where Zy = poco is the charactenistic impedance of air for plane waves and pg
is the density and ¢ the speed of sound in air.

For sound absorbers consisting of highly porous layers with perforated or cloth
facings of smaller porosity, a modified air-side surface impedance must be used
in Eq. (8.37). This is obtained by taking the air-side volume velocity averaged
over the face area of the absorber. If an absorber with surface impedance Z, is
covered by a perforated facing with porosity A, then Z; = Z,/h.

If |R| -+ 0, Eq. (8.37) indicates that Z; — Zy. This means that the ideal
absorber should have a surface impedance similar to that of unbounded air.
For a thick (effectively semi-infinite) layer, this requires that the characteristic
impedance of porous sound-absorbing materials, Z;, should be only slightly
above that for air, Z;, and so 1t is imperative to keep the porosity high. For fibrous
sound-absorbing materials, the porosity should be in the range of 0.95-0.99 and
for perforated facings the porosity should be above 0.25.

This is illustrated in Fig. 8.10, which shows random-incidence absorption
coefficients op(rev) for various copfigurations with a glass fiber fabric or per-
forated plate covering measured in a reverberation room. Note the relatively
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FIGURE 8.10 Random-incidence sound absorption coefficients of 200-mm-thick
exhaust silencer pillows (basalt fiber core, density 125 kg/m®) as a function of
frequency measuwred i a reverberayl;g)n room: (1) high-porosity fabric covering,
equivalent flow resistivity 12 kPa s -m~2; (2) perforated sheet (32% open area) over
high-porosity fabric covering; (3) perforated sheet (17% open area) over high-porosity
covering; (4) high-porosity fabric covering and fiberglass facing over basalt fiber core;
(5) low-porosity fabric covering, equivalent flow resistivity 43 kN . m s~ (6) perforated
sheet (32% open area) and fiberglass facing over basalt fiber core; (7) perforated sheet
{17% open area), low-porosity fabric covering and fiberglass facing. (Courtesy of John
Bowman, Lancaster Glass Fiber, Ltd.)

poor results for the configurations of low-percentage open-area perforated-plate
(17%), low-porosity, high-flow-resistivity fabric covering (43,000 mks rayls/m =
100 pgeg per meter = 2.4 pgey per inch). Further note that the measured values
of ag(rev) exceed unity. The reasons for this behavior have been discussed in
the introductory part of this chapter,

Normal Incidence on a Porous Layer in Front of a Rigid Wall

A rigid wall represents a nearly [see Eq. (8.4)] perfect acoustical reflector. It is an
acoustically hard surface. When a porous layer is placed on such an acoustically
hard backing, the surface impedance is controlled by the combination of the
incident and (multiple) reflected sound waves in the layer, yielding

Zi = Zcq coth(jked) = —jZey cotlh,d) N - s/m3 (8.382)

where d is the layer thickness and Z, is the characteristic impedance.
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Equation (8.38a) may be expressed as

sinh(bd) cosh(bd) — j sinfad) cos{ad)
cosh?(bd) — cos?(ad)

Z, = Zca N - s/m® (8.38b)

The 1mpedance given by Eqgs. (8.38) exhibits the following behavior:

(a) When d K %Aa [Ag = 21 /a is the wavelength 1n the absorbing material,
and a is defined in Eq. (8.30a)], which is the case when the layer is thin or
the frequency is low, the magnitude of coth(jk,,d) is always large and the
lack of impedance matching between Z; and Z; leads to a small sound
absorption coefficient. This 1s the reason there is no “sound-absorbing
paint” and that rugs absorb sound only modestly. :

(b) When d is sufficiently large compared with the wavelength inside the mate-
rial and the attenuation constant is not too small, the acoustical behavior
of the layer approximates that of an “infinitely thick” layer. In this case
coth(jk,,d) — 1 and the surface impedance is the same as the character-
istic mpedance.

(c) When coth(jk,,d) is minimum, the surface impedance of the hard-backed
layer is munimum and the absorption coefficient takes its maximum value.
Consideration of the expanded form in Eq. (8.38b) indicates that, for
bd > 0, which is the only situation of interest, the real part 1s never zero.
So the normalized surface impedance is minimum approximately when
the imaginary part is zero. In fact, this condition gives a slight underes-
timate of the frequency of maximum absorption, whereas cos(ad) =0,
corresponding to d = § &,, gives an overestimate.

In general the absorption coefficient 1s maximum at a frequency that is some-
what less than the frequency at which the layer is a quarter-wavelength thick.
Doubling the layer thickness halves the frequency of maximum absorption.

For practical purposes a layer of thickness d can be considered “infinitely
thick” if bd > 2. For such conditions Z; = Z¢,. The higher the flow resistiv-
ity of the porous material, the more Z; exceeds Zy. Even in the extreme case
of practically mfinite Jayer thickness (which at low frequencies and low flow
resistivity becomes very large), the sound absorption coefficient will be small,
As frequency increases, the general tendency is Z¢, — Zo/ k., and for highly
porous absorbers where k = 1, the good impedance matching results in a high
absorption coefficient.

Sound-Absorbing Layer Separated from a Rigid Wall by an Air
Space. The sound-absorbing configuration depicted in Fig. 8.11 is frequenily
used in practical applications (e.g., hung acoustical ceilings). The mmpedance of
a layer of air of thickness ¢ in front of a rigid wall 1s

Zy = —jZy cotlket) N-s/m’ (8.39)
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FIGURE 8.11 Combmation of a bulk-reacting absorber layer with (&) an air gap such
that sound can only travel perpendicular to the hard wall and () an air gap such that
sound can travel parallel to the hard wall.

where kg = w/cg = 2mwig/cp 18 the acoustical wavenumber for air. The internal
reflection coefficient at the back of the layer is Ry = (Zp — Z¢)/(Z2 + Zcy)
and the surface impedance at the front of the layer is

ZZ + jZCa tan(kad:)
Zeo + ] 22 tantk,d)

Zi=2Zc¢ ( ) N - s/m® (8.40a)

where Z¢ is the normalized characteristic impedance of the porous layer, &, is
the {(not-normalized) propagation constant in the porous layer, and d is the layer
thickness, Note that Z, 18 zero when ¢ = %z\o; that is, the impedance Z; of the
absorbing layer backed by zero impedance is given by Z, = jZ¢ tantk,d) =
Z¢ tanh{jk,d). If the impedance of the absorbing layer backed by a hard wall
[ie., with Zy — oo in Eq. (8.40a) or from Eq. (8.38a)] is denoted by Z,, then
Zeo = N ZyZs. So Eq. (8.40a) can be written 1n the form

- Zp(Zs + Zy) =

1+ Z,/2Z
-~ /2;

Zo+Z, "+ 27,

N sm® (8.40b)

The reflection factor and absorption coefficient a are computed by using Z;
in Eq. (8.37). For small air space thickness such that /g < %, 1Zal > | Z,) and
the following approximation is valid:

Zy

Zimw
YU 1T z07,

N . s/m? (8.41)

When the thickness of the absorbing layer is not too small, that 15, |Z,| <« [Z;],
Eq. (8.41) results in Z; =~ Z,. Consequently at low frequencies a very thin air
space between the absorbing layer and the rigid wall is ineffective.
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As long as the layer thuickness is small compared with the wavelength (d <
%Aa ), the air space behind the absorbing layer results in a reduction of the surface
impedance and at low frequencies the magniiude of the surface impedance shifts
toward the characteristic impedance of atr Z. This results in a decrease of the
reflection factor R and a comresponding increase of the normal-incidence sound
absorption coefficient. The Iargest improvement is observed when the thickness
of the air space is a quarter of a wavelength, # = 3.

When the air space thickness corresponds to a multiple of -ngo, sinfkpt) — 0

and Z; is very large [see Eq. (8.39)]. At such frequencies, the air space becomes
totally meffective.

Oblique Sound Incidence

For oblique sound incidence one must distinguish between locally reacting and
bulk-reacting absorbers. Locally reacting absorbers are those where sound propa-
gation parallel to the absorber surface is prohibited, as, for example, in partitioned
porous layers, porous layers backed by a partitioned air space as depicted on the
left in Fig. 8.1, in Helmholtz resonators with partitioned volumes, and in small
plate absorbers. Local reaction is a good approximation to absorber behavior also
when the flow resistivity is relatively high, cavsing the transmitted wave to bend
toward the normal to the surface. This is true, for example, at high densities or
in granular media consisting of small particles. In bulk-reacting absorbers, such
as a low-flow-resistivity porous layer, possibly with an unpartitioned air space
behind it (Fig. 8.115), sound propagation in the direction paraliel to the absorber
surface is possible in the sound-absorbing layer or in the air space behind it.
The term. “locally reacting” results from the fact that the particle velocity at the
interface depends only on the local sound pressure. For bulk-reacting absorbers,
the particle velocity at the interface depends not only on the local sound pressure
but also on the particular distribution of the sound pressure in the entire absorber
volume. Certain materials are inherently anisotropic; that is, the properties vary
with direction through the material. This is true, for example, of fibrous materials
where the fibers lie in planes paralle! to the surface. Strictly, n such materials
the propagation constant and characteristic impedance are a function of angle.
However, this complication will not be considered further here.

Oblique-incidence Sound on Locally Reacting Absorber. Locally reacting
absorbers are characterized by a surface impedance Z, that is mdependent of the
angle of incidence 6y. The reflection factor R (6;) for locally reacting absorbers is
determuned by how well the surface impedance Z; maiches the field tmpedance
of Zy/cos 6y and is given by

Zy cos Oy — Zy

R((%) = Zy cos 6'0 -+ Zo

(8.42)

Equation (8.42) indicates that best impedance match, and correspondingly the
lowest reflection factor for a given incidence angle 6, 18 achieved by |Z,] > Zg



252 SOUND-ABSORBING MATERIALS AND SOUND ABSORBERS

and that such “overmatched” surface impedances will yield absorption maxima
at a specific angle of incidence.

Oblique-Incidence Sound on Bulk-Reacting Absorber. Minerai-fiber and
open-pore foams are the most frequently used bulk-reacting sound-absorbing
materials. As long as the materials may be treated as isotropic, the acoustical
behavior of these materials can be fully characterized by their propagation con-
stant k, and characteristic acoustical impedance Z,. Methods for measuring and
predicting these key acoustical parameters are given m Section 8.4 under Physical
Charactenstics of Porous Materials and their Measurement.

Semi-Infinite Layer. Figure 8.12 shows the incident, reflected, and transmitted
waves at the interface. The combination of these waves must satisfy the follow-
ing boundary conditions: (1) equal normal components of the impedances and
(2) equality of the wavenumber components parallel to the interface. The second
of these requirements yields the refraction law

sin 6y ky
= - 8.43
sin 60 féa ( )

where 6, is the corhplex propagation angle of the sound mside the absorber. The
complex reflection factor is given by
Y

1—(Z4/Zy) cos 8
14+ (Zy/Z1) cos

R(fy) = (8.44a)

and
Z Ca

T 1= (ko/ kp)% sin 621172

Zi N - sfm® (8.44b)

Zo Ky Zk,

FIGURE 8.12 Reflection and transmission of an oblique-incidence sound wave by a
semi-infinite, bulk-reacting absorber.
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Finite-Layer Thickness. For a finite layer of bulk-absorbing material of thick-

ness d in front of a hard wall, the reflection factor is

_ 1 —(Zo/Z14)/ cos by
1+ (Zo/Z14) cos 6y

K@) (8.45)

where Z1; = (Z¢,/ cos 6y) coth(Gk,d cos 01) and 8y is defined in Eq. (8.43),

Multiple Layers. Absorbers may consist of a porous sound-absorbing layer
with an air space behind, as iffustrated in Fig. 8.11, or a number of porous
layers of different thicknesses and different acoustical characteristics (Fig. 8.13).
Analytical expressions describing the absorber functions and design charts to
predict the sound absorption coefficients for those multiple-layer absorbers are
provided in reference 46.

Random Incidence. In a diffuse sound field where the intensity /(8) = I is
independent of the incident angle 6, the sound power incident on a small surface
area dS of an absorber 1s given as

2m wi2
dWipe = IdS/ dgbf cosGsmbdo =nldS (8.46)
0 0

and the absorbed portion as
2 z/2
dWa:Ids/ dq&/ a(f) cos 0 sin 8 d6
0 0

w/2
=2l dS] o{8) cos # sin 6 d6 (8.47)
0

@ O 0 @ @ ®uwmn

?x \§ Quantity
| ‘
_l.., [ Rigid Wall
f
%
\ .
Yo ¥y ¥a Ym-2 Y-t Yu Coordinates
I ' i H I
; ; ! } ; |
v dy " dy E dm p duet " du Layer Thickness
! t | .
by t bee T I Propagation-
: noy B ! am ! Tous o : consiant
b Zay ! Zaz 1o Bam ! Zawt | Fan i Wave-
1 ! 1 } : : \ impedance
1 i

FIGURE 8.13 Multiple-layer absorber.
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So the random-incidence sound absorption coefficient is given by

_ aw,,
T dWie

7/2 ’
ag = 2[ @(f) cos 8 sin 846 (8.48)
0

Random-incidence Sound Absorption Coefficient of Locally Reacting
Absorbers. When the constituent materials of a multiple-layer absorber are
locally reacting, the combination of Egs. {8.2), (8.42), and (8.48) will vield the
random-incidence sound absorption coefficient. The surface impedance Z; that is
required for the computation of the random-incidence absorption coefficient can
be measured in an impedance tube or computed, and the true random-incidence
sound absorption coefficient wg can be determined as*

_8 cos 28 o] sm p
R = i cos(B) {1 - sin B arctan (1 7 o ﬂ)

—C—%élnu +2lz] cos B + 1z|2)} (8.49)

where z = Z/pocy is the normalized wall impedance and
B = arctan[Im(z) /Re(2)].

The maximum value of the true o (max) = 0.955 that occurs at a normalized
wall impedance of |z = 1.6 and B & 430° indicates that no locally reacting
sound absorber can achieve total absorption or even the 99% absorption that
is required as a munimum for the walls of anechoic chambers. The random-
mcidence sound absorption coefficient measured in a reverberation room, ¢p{rev),
as described in Chapter 7, can yield physically impossible values above unity
(sometimes in excess of 1.2). To avoid confusion, the computed physically cor-
rect random-incidence coefficient represented by ax and that measured with the
reverberation room method should have a different symbol, namely ap(rev).

Random-Incidence Sound Absorption Coefficient of Bulk-Reacting
Absorbers. For bulk-reacting absorbers the integration in Eq. (8.48) can only
be evaluated numerically. It is more appropriate to use the geometric and acous-
tical characteristics of the porous liner than its impedance to generate design
charts for general use.

8.6 DESIGN CHARTS FOR FIBROUS SOUND-ABSORBING LAYERS

For design use it 1s useful to have charts where the sound absorption coefficient
is plotted as a function of the first-order parameters of the absorber, such as
thickness d, flow resistivity R;, and frequency f. This section contains such
design charts. Design charts for a multiple-layered absorber, such as shown in
Fig. 8.13, are given in reference 46.
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Monolayer Absorbers

As shown in Fig. 8.7b, the key acoustical parameters k, and Zq, of fibrous
sound-absorbing materials depend only on a single material parameter, namely
the flow resistivity Ry (specific flow resistance per unit thickness). Consequently,
the absorption coefficient can be computed and plotted as a function of two
dimensionless variables:

fd R

= d R =
o o Zy

F = (8.50)

AN

Then kod = 2n F and E = pg f/Ry = F/R. At oblique incidence, the angle 6 is
the third input variable. In the design charts contour lines of constant values of
o are plotted on a log-log chart of R versus F. A variation of frequency f pro-
duces a horizontal path, an increase of the flow resistivity R; causes an upward
move, and an increase in layer thickness d leads to a diagonally upward shift
to the right. Frequency curves for an absorber layer may be derived by a hori-
zontal intersection, with a starting point determined by the individual parameter
values. .

Figure 8.14 shows lines of constant absorption of a monolayer absorber for
normal incidence (the absorber may be bulk or locally reacting). The maximum
absorption 1s reached at about R = 1.2 for F = 0.25, that is, at a thickness d
equal to a quarter of a free-field wavelength and at the flow resistance of the layer
of 1.2Z,. Higher resonances at odd multiples of a quarter wavelength are visible
for a small flow resistance. The “summit line” of the first maximum, which goes
through the points of relative maxima of a at the first resonance, is inclined so

RydiZo

R =

F o= fd/CO

FIGURE 8.14 Lines of constant absorption at normal-incidence sound; absorption coef-
ficient for fibrous absorbers of thickness d and flow resistivity Ry, no air space.
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that the first relative maximum will occur below F = 0.25 for flow resistances,

such that R > 1, and the first relative mazimum of the frequency curve will
occur at somewhat higher frequencies than F = 0.25 for flow resistances such
that R < 1. The ngher orders of resonances are relatively stationary in frequency
as R varies,

At oblique incidence the sound absorption for small angles, below about
8 = 30°, is only modified slightly. The modifications in a{#} are pronounced for
larger angles with locally reacting absorbers. The curves on the left in Figs. 8.15
a-c were computed for a locally reacting absorber for 8 values of 30°, 45°, and
60°. The resonance structure of the contour plots becomes very distinct at low
flow resistances and high frequencies.

Cuarves on the right in Figs. 8.15a—¢ show the analogous contour plots of
a{6} for the same values of § but now for bulk-reacting (isotropic) absorber
layers. Compared to those for a local-reacting absorber, the contours are relatively
continuous. The maxima of absorption are shifted downward toward smaller R
values for larger angles,

The random-incidence absorption coefficients arp for locally reacting and bulk-
reacting absorbers are plotted on the left and right, respectively, in Fig. 8.16. For
locally reacting absorbers the absolute maximum of ¢y = 0.95 is attained for a
matched flow resistance R = 1 at ¥ == 0.367, that 18, at a thickness d == 0,367,
which is larger than a free-field quarter wavelength %Ao. With homogeneous
1sotropic absorbers, the absorption coefficient ¢z becomes larger than with locally
reacting absorbers. Only a weak résomance maximum {(belonging to the second
Tesonance) is observed with homogeneous absorbers. The contour lines of absorp-
tion are smooth and steady.

Key Information Contained in Design Charts. Many of the general con-
clusions that were known qualitatively can be answered now in a quantitative
manner by studying Figs. 8.14-8.16.

Determining Thickness of Absorber. What is the thickuess de from which
an absorber layer starts to behave acoustically as infinitely thick and yields no fur-
ther increase in absorption? This thickness starts where the contour lines become
45° diagonally straight lines. The exact position of the curve for thickness d,,
will depend on the criterion chosen and on the tolerance allowed. If, at this limit,
the final value of « is supposed to be reached with a deviation between 1 and
3%, then the limit curve for normal incidence {in Fig. 8.14) is defined by

F =7 45R187 (8.51)

The layer becomes practically infinite when the sound attenuation during prop-
agation of the sound wave through the layer from the surface to the rigid rear
wall is 8.681",do, == 24 dB, as first derived in reference 2. This is a much higher
attenuation than usually assumed as sufficient (about 6-10 dB) for neglecting
the influence of the reflection from the rigid wall on the sound absorption at the
front side of the absorber layer.
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FIGURE 8.15 Lines of constant absorption a(f) for fibrous absorbers of thickness d
and flow resistivity Ry for discrete angles of incidences #; no air space. Left: locally
reacting. Right: bulk reacting. (@) 8 = 30°; (B) 8 = 45°; (¢) = 60°.

The relationships for “practically infinite” layer thickness dy, for which
AL(dy) = 24 dB can be formulated as
FaZTRIS =56 % 10° for 6 = 0° (8.52a)
FAZSORI® =343 % 10° for 6 = 45°,

locally reacting and random incidence (8.52b)
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FIGURE 8.16 Lines of constant random-incidence absorption coefficient ap for fibrous
absorbers of thickness d; o air space: (a) locally reacting liner; (b) bulk-reacting liner.

faxt RM*=77%10° for§ = 45°, bulk reacting (8.52¢c)
JAZRI? = 1.1 % 10°  for random-incidence bulk reacting (8.52d)

where f = frequency, Hz
dee = layer thickness, m
R; = flow resistivity, N - s/m*+

Optimal Choice of Flow Resistance. Optimal values for the normalized
specific flow resistance of the layer, R = Ryd/Z,, plotted on the vertical scale
of Figs. 8.14-8.16, depend on what the designer wants to accomplish.

If the aim is to maximize the sound absorption coefficient, then the optimal
choice of normalized specific flow resistance R is in the range of 1-2 for both
locally reacting and bulk-reacting absorbers and for normal, oblique, or ran-
dom angles of sound incidence with the exception of bulk-reacting absorbers for
¢ > 45° incidence where R = 0.7 yields the best results,

The absorption coefficient depends strongly on flow resistivity R;, where the
carves in Figs. 8.14~-8.16 have nearly horizontal contours. The design charts
reveal that the typical orentation of the curves of constant « is nearly vertical,
mdicating only a slight dependence on R;. This is fortunate because our ability
to determine R; and our accurate control over its value in the manufacturing
process are limited.

Bulk-Reacting versus Locally Reacting Absorbers. A comparison of two
graphs in Fig. 8.16 indicates that the random-incidence sound absorption coef-
ficient of locally reacting and bulk-reacting absorbers of the same thickness is
practically identical (within 10%) in the left upper quadrant, where R > 2 and
F = fdfcy < 0.25, above the dotted line in the graph on the right in Fig. 8.16.

A comparison of & =45° curves in Fig. 8.15bh with the random-incidence
curves presented in Fig. 8.16 indicates that the 8 = 45° curves for both locally

e
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reacting and bulk-reacting absorbers agree with the random-incidence curves
within an error of 5%, except in the range where « > 0.9, which is of lLittle
practical interest. This close agreement between «(45°) and oy indicates that it
1s permissible to compute @(45°) instead of the much more difficult o R.

Two-Layer Absorbers

The two-layer absorbers shown in Fig. 8.11 have a layer of fibrous sound-
absorbing material of thickness d backed by an air space of thickness #, with
total thickness D = d + 1. Figure 8.11a shows a partitioned (e.g., in a honey-
comb pattern) air space resulting in a locally reacting absorber, and Fig. 8.115
shows an unpartitioned air space resulting in a bulk-reacting absorber. The sound
absorber types shown in Fig. 8.11 are usually employed when it is impractical to
fill the entire absorber thickness with porous material because no fibrous material
of sufficiently low flow resistivity is available to keep the normalized flow resis-
tance R == Rid/Zy < 2. Based on the analyses described in reference 5, design
charts similar to those presented in a preceding section for monolayer absorbers
were computed.

Figure 8.17 shows contour maps of the random-incidence sound absorption
coefficient a in a diffuse sound field for a bulk absorber layer of thickness d in
front of a locally reacting air gap of thickness # (see Fig. 8.11a) for three frac-
tions, d/D = 0.25, 0.5, 0.75, absorber thickness d, and total thickness D = d -+ ¢.
Because the two-layer design curves in Fig. 8.17 are not plotted as functions of
the total layer thickness D, they are not directly comparable with the mono-
layer design curves presented in Fig. 8.16. Some differences may be noticed by
comparing these figures with Fig. 8.16, which applies to the bulk monolayer
absorber.

First, the vaniable F = fd/e¢g for maximum absorption in the first resonance
maxinium 18 shifted toward smaller values with decreasing d /D, which results in
higher absorption at low frequencies for less absorber material thickness. Gen-
erally, bowever, the reduction in weight of the material is not as large. The
horizontal shift of the absorption maximum toward lower F values, when real-
1zed by a reduction in d, makes a larger flow resistivity necessary on the ordinate
in order to hold R on a constant value. The increase in Ry is achieved mostly by
an increase of the material bulk density p,. For most fibrous absorber materials
R; is proportional to about V,o}&'s,. Hence, only a small net reduction in absorber
material is possible by the addition of an air gap.

For thick absorber layers, that is, for large d, the air gap has no effect, as
expected. The limit for the onset of an “infinite” thickness is the same as with
the monolayer absorber.

The resonance structure of the layered absorber with small d/D resembles
more that of the locally reacting monolayer absorber (see Fig. 8.16a). The char-
acter of the bulk-reacting monolayer absorber plot (see Fig. 8.16b), which must
be the asymptotic limit for increasing d /D, becomes dominant for d/D > 0.5.
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FIGURE 8.17 Lines of constant random-incidence absorption coefficient oz for a
bulk-reacting absorber layer of thickness d in front of a locally reacting air gap of thickness
¢ for thickness ratios d/D = d/{d + 1) of (a) 0.25, (b) 0.5, and (c) 0.75.
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The sound absorption coefficient of a porous layer of thickness d with an air
gap behind it is generally higher than that of a monolayer with equal 4. How-
ever, the absorption of the layered absorber is smaller than that of a monolayer
absorber with equal total thickness d” = D. In the range R > 1, the absorp-
tion of a layered absorber with d/D = 0.75 corresponds to that of a monolayer
absorber with thickness d’ == 1.25d and the absorption of a layered absorber with
d/D = 0.5 corresponds to that of a monolayer having a thickness 4’ = 1.67d.
The quite different character of the plot for d/D = 0.25 excludes a similar equiv-
alence.

Finally, the lines of constant ¢z of the layered absorber have strong deflections
toward the left for values of ag between about 0.7 and 0.9. As a consequence,
the optimum flow resistance Rjd (which is defined by the leftmost point of a
curve) has a more distinct meaning than with monolayer absorbers.

Design graphs for layered absorbers with bulk-reacting absorber layers in front
of a bulk-reacting air gap (see Fig. 8.74) are given i reference 45.

Multilayer Absorbers

Multilayer absorbers, such as shown in Fig. 8.13, have been treated in refer-
ence 4. Best results are obtained if the flow resistivity of the layers, R, increases
from the interface toward the rigid wall. These results obtained with such mul-
tilayer absorbers are somewhat better than those obtained with a monolayer
absorber of equal thickness. However, the improvements seldom justify the added
cost and complexity. Of course, Fig. 8.13 represents an idealization of practical
constructions (see Fig. 8.18) which combine multiple porous layers with perfo-
rations and slots.

It should be noted, however, that even the most elaborate multiple-layer
absorber cannot match the random-incidence sound absorption performance of
anechoic wedges.

Thin Porous Surface Layers

Thin porous surface layers such as mineral wool felt sprayed on plastic, steel
wool, mineral wool, or glass fiber cloth; wire mesh cloth; and thin perforated
metal are frequently used to provide mechanical protection. They also reduce the

%— Perforated metal
: ?_;Wire screen
{E=2- Glass fiber cloth
T Bianket

P o3

FIGURE 8.18 Multilayered absorber with perforated porous layer structure.
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loss of fibers. The acoustical properties of such thin layers are characterized by
their flow resistance R, = Ap/v and their mass per umt area p,. The surface
impedance is

R {fixed) (8.33a)

$
Z; = (Jops) R
e free 8.53b
Gops L R, (free) { )

which must be added to the wall iopedance of the absorber. If the porous sur-
face layer is not free to move, Eq. (8.53a) is used. For surface layers that are
free to move due to the pressure differential produced by their flow resistance,
Eq. (8.53b) 15 used.

Tables 8.5 and 8.6 provide design information on wire mesh cloth and glass
fiber cloth, respectively. The flow resistance values listed in these tables represent
the linear part of the flow resistance, which 1s appropriate for design use only if
the particle velocity is low. At high sound pressure levels (above 140 dB), the
nonlinear behavior of the flow resistance must be determined by measuring the
flow resistance as a function of the face velocity. /

Sintered porous metals have been developed for silencers in jet engine inlets. If
backed by a honeycomb-partitioned air space, they provide good sound absorption
and remain linear up to high sound pressure levels and for high-Mach-number
grazing flow. Their additional advantage 1s that they do not require any surface
protection. Table 8.7 gives the flow resistance R, and mass per unit area p, for
some commercially available porous metal sheets.

Steel wool mats typically have a thickness from 10 to 45 mm, mass per unit
area p, from 1 to 3.8 kg/m?, and a specific flow resistance R, from 100 to 500
N - s/m’. Recently, such steel wool mats needled on mineral wool of specified
thickness and density have become available on special order.

Perforated metal facings, when they rest directly on a porous sound-absorbing
layer, can be accounted for by a series impedance Z; given by

_Jwpo oo T2,
Zs == {1+A5[H(1 o)) ' Zo]} (8.54)

TABLE 8.5 Mechanical Characteristics and Flow Resistance R, of Wire Mesh
Cloths

Wire Diameter Mass per Unit Flow
Area Resistance R,
pm mils
Wires/em  Wiresfin. (107 m) (107 @) ke/m? /2 N s’ peog
12 30 330 13.0 1.6 0.32 5.7 0.014
20 50 220 87 12 0.25 59 0.014
40 100 115 4.5 0.63 0.13 9.0 0.022
47 120 90 3.6 0.48 0.1 13.5 0.033

80 200 57 2.25 0.31 0.63 24.6 0.06
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TABLE 8.6 Mechanical Characteristics and Flow Resistance R; of Glass Fiber
Cloth

Surface Density? .
e Construction,  Flow Resistance,

Manufacturer® Cloth Number oz/yd®  g/m®  Ends x Picks mks rayls (N - s/im®)

1,2,3 120 3.16 96 60 x 58 300
1,2,3 126 537 164 34 x 32 45
1,2,3 138 6.70 204 64 x 60 2200
1,2,3 181 8.90 272 57 x 54 380
3 1044 19.2 585 14 x 14 36
2 1544 177 535 14 % 14 19
3 3862 i2.3 375 20 x 38 350
1 1658 1.87 57 24 % 24 10
1 1562 1.94 59 30x 16 <5
1 1500 9.60 293 16 x 14 13
1 1582 14.5 442 60 % 56 400
1 1584 24.6 750 42 % 36 200
1 1589 12.0 366 13x 12 11

¢ Averaged over a large sample. 7 )
5Code numbers for manufacturers are as follows: (1) Burlington Glass Fabrics Company;
(2) 1. P. Schwebel and Company; (3} United Merchants Industrial Fabrics.

TABLE 8.7 Specific (Unit-Area) Flow Resistance R,, Thickness, and Mass per
Unit Area of Sintered Porons Metals Manufactiired by the Brunswick Corporation®

Specific Flow Mass per
Resistance Air, 70°F NLF? Thickness Unit Area
£0Co N shn’ 500/20 Designation mm  in.  kg/m®  Ib/EP
0.25 100 3.6 EM 125 1.0 0.04 3.9 0.79

5.0 M 127 0.76 003 33 0.67
2.6 FM 185 0.5 0.02 2.0 0.4

2.0 347-10-20-AC3A-A 035 0.02 132 027
2.0 347-10-30-AC3A-A 076 0.03 1.1 0.23

2.0 M 802 05 002 13 027
0.88 350 4.7 FM 134 089 0035 338 0.77
125 500 1.8 - FM 122 0.76 0.03 i4 0.28

3.6 FM 126 066 0026 37 076

33 FM 190 041 0016 20 04

2.0 347-50-30-AC3A-A 076 0.03 1.4 0.29

“Bxcept FM 802, which 1s made of Hastelloy X, all materials are type 347 stainless steel. (Courtesy
of Brunswick Corporation.}

®Nonlinearity factor, calculated as the ratio of flow resistances obtamed at flow velocities of 500
and 20 cm/s, respectively. :
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where ¢ 1s the fractional open area of the perforated facing, [ is the plate thickness,
Al is the end correction length of the perforations given in Section 8.5, H is a
step function that 1s unity for (vx] < 1 m/s and zero for |vy| > 1 m/s, and vy, is the
particle velocity in the holes of the perforations. For thin, unrestrained perforated
surface protection plates, it is necessary to take the parallel combination of Z,
and jwp, according to Eg. (8.53b).

8.7 RESONANCE ABSORBERS

In building acoustics the most frequently used type of resonant absorber is the
Helmholtz resonator, consisting of the mass of an air volume in a cross-sectional
area restriction (such as holes or slits in a covering plate) and the compliance of
the air volume behind the covering plate. In the narrow frequency range, centered
at their resonance frequency, the resonators “soak in” the acoustical energy from
a large room volume in the vicinity of the neck. This high energy concentration
results in high local sound pressures at the neck (and in the internal volume)
which are much higher than that one would register with the resonator opening
closed. On the room side, this near-field sound pressure decays exponentially
with increasing distance. In architectural application of resonance absorbers care
should be exercised not to locate them too near to any member of the audience
to avoid distortion of the auditory experience. The open bottles embedded in the
vertical portion of the seats in ancient Greek amphitheaters indicate that this local
amplification of the sound field in the vicinity of acoustical resonators was known
more than 2000 years ago. What was not known, which misguided their appli-
cation, was that the amplification occurs only in a narrow frequency band and
cannot locally amplify such broadband signals as speech. Such a Helmholtz res-
onator (named after the nineteenth-century German physicist Ludwig Helmholtz,
who was first to utilize its narrow-band tuning to analyze the spectral compo-
siion of complex sounds) is shown in Fig. 8.19. In the following treatment it
15 assumed that all dimensions of a single resonator are small compared with
the acoustical wavelength (except in the case of two-dimensional resonators with
slits) and that the skeleton of the resonator is rigid.

22 \ 7
[ N

;e

d

FIGURE 8.19 Xey geometric parameters of a Helmholtz resonator.
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Acoustical Impedance of Resonators

The specific acoustical impedance of the resonator opering Zg is the sum of
the mmpedance of the enclosed air volume Z, and that of the air volume that
oscillates 1n and around the resonator mouth Z,,, namely,

Zr=Zy+ Znm=(Z,+jZN+(2Z, +jZ!) N-s/m? (8.55)

The volume impedance Z, = jZ is purely imaginary and predominantly of
spring character while the mouth impedance has a real part Z/, and an imaginary
part Z; and is predominantly of mass character.

The impedance of a rectangular resonator volume is

Sa
Z, = jZI' = —jpoco cot(kor) == N - s/m® (8.562)
5

where S is the surface area of the resonator cover plate, S; = ma? is the area
of the resonator mouth, ¢ is the depth of the resonator cavity, and V = Spt is
the resonator volume. If the resonator dimensions are small compared with the
wavelength (kot < 1), Eq. (8.56a) yields

s

szjz;’*—* v

N - s/m® (8.56b)
Thus, when all the dimensions are smaller than the wavelength of interest, the
shape of the air cavity does not matter.

The impedance of the resonator mouth Z,, consists of components related to
the oscillations of air internal to the mouth, within the mouth, and external to
the mouth of the resonator plus the impedance of the screen (Z;) that may be
placed across the resonator mouth to provide resistance. For circular resonator
openings of radius a and orifice plate thickness [, the resulting total impedance
is given by

) I (?_a)a)2 3
Z = [\/m (1 + Q-a-) + ] +Z, Nosm®  (857a)

Z" = wpg [l + (;) 24{1 + (l + —2%) 8vw N-sim® (8.57b)
7

where v is the kinematic viscosity (v = 1.5 x 107 m?/s for air at room temper-
ature). The quantity 0.5(8v/w)"/? is the viscous boundary layer thickness.!

In general, the first term in Eq. (8.572) applies only for smooth orifice edges.
For sharp orifice edges 1t can be many times higher. Also note that the second term
m Eq. (8.57b) is usually small compared with the first term and can be neglected.

The results of Eqgs. (8.57) for circular orifices and for a single resonator can be
generalized for other orifice shapes and for situations where the orifice is located
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on a large wall or at a two- or three-dimensional corner. This generalized form iz

P 2
Z, = -ﬂjmpov Svew + pocom +Zy N s/m® (8.58a)

45, 14+ k38,/ 8
P+ P/2
Z, = jopy [i +2Al+ ~——(-—£—S—/——JQ\/8v/w] N - s/m’ (8.58b}

where P is the perimeter of the orifice, S, is its surface area, and  is the spatial
angle the resonator “locks into™

4 for resonator away from all walls
27 flush mounted on wall far from corners

flush mounted on wall at two-dimensional corners
7 flush mounted on wall at three-dimensional corners

[T |

The quantity Al = 16a/3m represents the combined internal and external end
corrections.

Resonance Frequency

The resonance frequency f; of the Helmholtz resonator occurs where Z;, and
Z;, are equal in magnitude. Combinatign of Egs. (8.56b) and (8.57b) yields

Lol S Lo s
o= zn\/w. -y 2m \/V(z + 16a/37) 8.59)

where (-} = + Al represents the quantity in square brackets in Eq. (8.58b).

The viscous terms in (8.57b) are ignored in (8.59). However, this is usual when
calculating a resonance frequency because the viscous contribution is small. For
resonators where the arca of the mouth, S,, is not much smaller than the area
of the top plate of the resonator, the proximity of the side walls of the cavity
influences the flow in the resonator mouth. In this case it is necessary to determine
the combined end correction from Al = 8a/37w + Al 4

int

Absorption Cross Section of Individual Resonators

For individual resonators (or groups of resonators where the distance between the
individual resonators is large enough that interaction is negligible), the absorption
coefficient o is meaningless. In this case, the sound-absorbing performance must
be characterized by the absorption cross section A of the individual resonator.
The absorption cross section is defined as that surface area (perpendicular to
the direction of sound incidence) through which, in the undisturbed sound wave

(resonator not present), the same sound power would flow through as the sound
power absorbed by the resonator.

RESONANCE ABSORBERS 267
The power dissipated in the mouth of a resonator is

0.5 X 27| pincl*SaRr

W,y = 0.5|v,>S, Ry = e W (8.60)
|Zr1*
Accordingly, the absorption cross section is
323
A= 2" pocoSa Ry 2 8.61)

| Z&[?

where n = 0 for resonators placed in free space, n = 1 if the resonators are flush
mounted in a wall, n = 2 if the resonators are at the junction of two planes, and
n = 3 if the resonators are in a comer; Ry = Z) + Zraa is the total resistance,

At the resonance frequency fy, where Z + Z! = 0, the absorption cross
section reaches its maximum value Ag:

S2P0Co [ Ry /Ry ] 2

A=2"
Rmd Il + Ri!‘/Rradt2

(8.62a)

For a flush-mounted (r = 1) circular resonator area S, = wa?, the radiation resis-
tance 18 Req = 2(wa)? poco/ A%, and Eq. (8.62a) yields

1 RT/Rrad 2
Y B S 8.62b
4= °[11+er&&¢12] ” (8.625)

where Ag is the wavelength at the resonance frequency of the resonator. The
maxupum value of the absorption cross section is obtained by matching the
internal resistance to the radiation resistance at the resonance frequency, yielding
(RT = Rrad)

)\.2
20

Amax -
0 4y

m” (8.63)
According to Eq. (8.63), a matched resonator tuned to 100 Hz can achieve
absorption cross section AT™ = 0.92 m?.
According to Eq. (8.61), the frequency dependence of A can be presented in
generalized form as
Af) 1

Ay 1+ 0%

(8.64)

where the  of the resonator and the normalized frequency parameter ¢ are given

= Qm Zy, (wo) b= o

C Zi(wo) T fo S

Figure 8.20 shows the normalized absorption cross section A/Ag as a function
of the normalized frequency ¢ with Q as the parameter, indicating that the
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FIGURE 8.20 Normalized absorption cross section A/Ag as function of normalized
frequency ¢ with O as parameter.

normalized bandwidth of the absorption cross section fy/Q corresponds to the
relative bandwidth Af/fo = 1/0.

Consequently, the choice of O determines the relative shape of the absorption
curve and the factor in the square brackets in Eq. (8.62b) determines the height
of the curve at resonance. To obtain optimal absorption characterized by high
absorption at resonance Ag.and wide bandwidth requures resistance matching
Ry = R4 and a relatively low value of Q.

Nonlinearity and Grazing Flow _

The oscillating air mass {that includes the end-correction term) is a measure for
the reversible kinetic energy of the acoustical resonator. Reversibility and spatial
coherence diminish with increasing turbulence due to jet flow through the orifice
caused by high-amplitude sound and by the grazing flow of velocity Uy. Both
reduce the air mass that participates in the oscillating motion and consequently
increase resonance frequency and increase the losses of the resonator.

Nonlinearity and grazing flow affect only the mouth impedance Z,, of the
resonator orifice. Table 8.8 is a compilation of the nonlinear effects owing to high
sound pressure level and grazing flow for a perforated plate. The round holes
are regularly distributed. The porosity of the perforated plate is & = wa?/b?,
where a is the hole radius and b the hole spacing. The amplitude nonlinearity is
characterized by the particle-velocity-based Mach number My = v/cp, which is
the ratio of the particle velocity in the resonator orifice and the speed of sound
in air. The grazing flow nonlinearity is characterized by the flow-velocity-based
Mach number M = Uso /oy, Where Uy is the velocity of the grazing flow far
from the wall. The formulas presented in Table 8.8 are analytical results adjusted
to yield agreement with measured data.*® The impedances in Table 8.8 are values
averaged over the plate surface.

Internal Resistance of Resonators

The most difficult part of resonator design is the prediction of the internal
resistance. In the earlier section Acoustical Impedance of Resonators (page 265)
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formulas were given to predict the friction loss resistance [first term in
Eq. (8.57a)], which is valid only for rounded orifice perimeter. Additional
resistance due to sharp edges cannot be predicted analytically. Table 8.8 contains
formulas to predict resonator resistance due to nonlinear effects owing to high
sound pressure level and grazing flow.

Should it be desirable to obtain higher loss resistance than provided by friction
and nonlinear effects (e.g., obtaining larger absorption bandwidth), porous mate-
rials such as a screen, felt, or layer of fibrons sound-absorbing material must
be placed in (or behind) the resonator orifice. Figure 8.21 shows some of the
more frequently used ways to increase resonator resistance. In Fig, 821, Ry is
the flow resistivity of the porous material, 4 1s its thickness, f; is its distance
from the back side of the cover plate, ¢ is the depth of the resonator cavity, 2a
is the diameter of the holes, Al is the end correction, and ¢ 18 the porosity of the
cover plate.
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FIGURE 8.21 Methods to increase resonator resistance and the achieved specific acous-
tical resistance R; (R; == flow reswstivity of porous material, d is its thickness, and
Al = 16a/37).
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FIGURE 8.22 Resonators arranged on a raster to form a surface array.

Placing of flow-resistive materials in or behind the resonator opening reduces
nonlinearity and sensitivity to grazing flow.

Spatial Average Impedance of Resonator Arrays

Locally reacting absorbers such as resonators are frequently used in the form of
a surface array, shown in Fig. 8.22, where the individual resonators are arranged
periodically. If the dimension b or /5, in Fig. 8.22 is much smaller than the
acoustical wavelength, it 1s not necessary to take into account the interaction
of the individual elements (resonators) with the sound field. To characterize
the absorber, it is sufficient in this case to compute the spatial average wall
impedance Z,:

zl=__=—~-—=M—ZR=%- N.s/m’ (8.65)

where Zp is the impedance of the resonator as given in Egs. (8.35) “measured”
mn the orifice of the resonator and ¢ = §,/8;, is the surface porosity. The effec-
tive wall impedance Z, is then used in Eq. (8.37) to determine the absorption
coefficient. The impedances Z,, in Table 8.8 are effective impedances averaged
over the plate surface (resonator mass impedance divided by porosity).

8.8 PLATE AND FOIL ABSORBERS

Plate absorbers are used m absorbing low-frequency tonal noise in situations
where Helmholtz resonators are not feasible. The resonator consists of the mass
of a thin plate and usually the stiffness of the air space between the plate and
the elastic mounting at the perimeter of the plate. Foils are a special case of a
thin limp plate.
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Limp Thin Plate or Foil Absorber

The resonance frequency of a foil absorber is

pgcg /m”t
fo=d—— (8.66)
2

where 7 is the depth of the partitioned air space in meters and m” is the mass per
unit area of the limp foil in kilograms per square meter. If the air space depth is
not small (# > §1), there will be many resonance frequencies w, (n =0, 1,2, ...)
given by ] ; ;
fF)n tafl E.()ﬁ_ — &_

[o)] Co m’”

(8.67)

For an unpartitioned air space behind the foil the resonance frequency depends
on the angle of sound incidence 6. In this case 1 must be replaced in Egs. (8.66)
and (8.67) by ¢ cos 6. If the air space is filled (without obstructing the movement
of the foil) with a porous sound-absorbing material, then (7/co)T " is used mnstead
of t/cy in Eq. (8.67).

Foil-Wrapped Porous Absorber

Sound absorbers consisting of a protective layer of thin foil, a porous layer,
and an air space behind are ftequentlyﬂused where the porous material must be
protected from dust, dirt, and water. The effect of the thin foil can be taken into
account by a series impedance Z; = jom” that is added to the surface impedance
Zy [see Eq. (8.37)]. It is essential that the foil is not stretched so that its inertia
and not its membrane stress controls its response. Inserting a large-mesh (>1
cm) wire cloth between the porous sound-absorbing material and the protective
foil is a practical way to assure this.

Elastically Supported Stiff Plate

A form of resonant plate absorber that can be easily treated analytically is the
elastically supported stiff plate. The elastic support may be localized by discrete
points to occur along the perimeter in the form of a resilient gasket strip. The
effective stiffness of such a resonator is

2
N £ocC
S": __e+ LtV

N 3
S, /m

Se/Sp + poﬁ‘g/f

mh’

Hz (8.68)

where s, = S, Ap/Ax 1s the dynamic stiffness of resilient plate mounting and
Sp is the surface area of the plate. Note that the elastic mounting increases the
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resonance frequency (compared with that obtainable with a limp foil of the same
m”). This can be compensated for by an appropriate increase of m”, However,
an increase of m” increases the O of the resonator (Q = /s"/m”/R) resulting

in a narrower bandwidth.
Elastic Foil Absorber

Elastic foil absorbers consist of small air volumes enclosed in thin (200-400-pm)
foil coffers. The coffers have typical dimensions of a few centimeters. A fypical
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FIGURE 8.23 Construction of a foil absorber made of cold-drawn PVC foil.
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foil absorber is shown in Fig. 8.23. The wavelength of the incident sound 1s large
compared with the typical dimensions of the coffers. Consequently, the incident
sound periodically compresses the air in the individual coffers by exiting all of
the volume-displacing modes of vibration of the various coffer walls. Because of
the small thickness of the coffer walls, these resonances fall into the frequency
range of 200~3150 Hz, which is of primary interest in building applications.*®
The foil material can be plastic (PVC) or metal. It is beneficial to emboss the
foil because this leads to a more even distribution of the resonance frequencies.
Figure 8.24 shows the measured random-incidence sound absorption coefficient
obtained with two different foil absorber configurations, indicating that significant
broadband sound absorption is achievable.

The key advantage of these foil absorbers is that they are nomporous, do
not support bacterial growth, are lightweight, and can be made light transpar-
ent. Their main application is in breweries, packaging plants, hospitals, and
computer chip manufacturing areas, where high emphasis is placed on hygiene
and dust cannot be tolerated. They also lend themselves as sound absorbers
-in high-moisture environments such as swimming pools and as muffler baffles
in cooling towers. Their light transparency is a distinct advantage in indus-
trial halls, Considerable experience has been gained in such applications in
Europe.*

REFERENCES B

1. K. U. Ingard, Notes on Sound Absorption Technology, Version 94-02, Noise Control
Foundation, Poughkeepsie, NY, October 1994.

2. F. P. Mechel, Schall Absorber [Sound Absorbers], Vol. 1: Aeussere Schallfelder,
Wechselwirkungen [Outer Sound Fields, Interactions]; Vol. 2: Innere Schallfelder,
Structuren [Internal Sound Fields, Structures], Vol. 3: Anwendungen [Application],
8. Hirzel Verlag, Stuttgart, 1989,

3. F. P. Mechel, MAPS-Mechels Acoustic Program System, CD-ROM for Windows,
S. Hirzel, Stuttgart, Germany, 2001.

4. H. Kutruff, Room Acoustics, Applied Science, London, 1973.

5. L. L. Beranek, Acoustic Measurements, Acoustical Society of America, Melville,
New York, 1988,

6. R. D. Godfrey, Owens Corning Fiberglass Company, private communication, June
2004,

7. T. Northwood, J. Acoust. Soc. Am., 31, 596 (1959); 35, 1173 (1963).

8. M. J. Swift, “The Physzcal Properties of Porous Recycled Materials,” Ph. D. Thess,
University of Bradford, United Kingdom, 2000.

9. L. Cremer and M. Hubert, Vorlesungen Ueber Technische Akustik [Lectures on Tech-
nical Acoustics], 3rd ed., Springer, Berlin, 1985.

10. Y. Champoux, M. R. Stinson, and G. A. Daigle, “Air-Based System for the Measure-
ment of Porosity,” J. Acoust. Soc. Am., 89, 910-916 (1991).

16.

17.

18.

25.

26.

27.

28.

REFERENCES 275

. P. Leclaire, O. Umnova, K. V. Horoshenkov, and L. Maillet, “Porosity Measurement

by Comparison of Air Volumes,” Rev. Sci. Instrum., 74, 13661370 (2003).

. Z.E. A. Fellah, S. Berger, W.Lauriks, C. Depollier, C. AristBgui, and

J.-Y. Chapelon, “Measuring the Porosity and the Tortuosity of Porous Materials via
Reflected Waves at Oblique Incidence,” J. Acoust. Soc. Am., 113, 24242433 (2003).

. Z. E. A Fellah, S. Berger, W. Lauriks, C. Depoilier, and M. Fellah, “Measuring the

Porosity of Porous Materials Having a Rigid Frame via Reflected Waves: A Time
Domain Analysis with Fractional Derivatives,” J. Appl. Phys., 93, 296-303 (2003).

. Z. E. A Fellah, 8. Berger, W, Lauriks, C. Depollier, and J. Y. Chapelon, “Inverse

Problem in Air-Saturated Porous Media via Reflected Waves,” Rev. Sci. Int., 74,
2871--2879 (2003).

. Z.B. A. Fellah, S. Berger, W. Laugiks, C. Depollier, W. Lauriks, P. Trompette, and

J. Y. Chapeloun, “Ultrasonic Measurement of the Porosity and Tortuosity of Air-
Satmrated Random Packings of Beads,” J. Appl. Phys. to appear.

A. S. Sangani and A. Acrivos, “Slow Flow through Periodic Array of Spheres,” Inr.
J. Multiphase Flow, 8, 343360 {1982).

W. S. Jodrey and E. M. Tory, “Computer-Simulation of Close Random Packing of
Equal Spheres,” Phys. Rev. A, 32, 2347-2351 (1985).

N. Sen, C. Scala, and M. H. Cohen, “A Self-Similar Model for Sedimentary Rocks
with Application to the Dielectric Constant of Fused Glass Beads,” Geophysics, 46,
781~795 (1981).

. K. Attenborough, “Acoustical Charactenistics of Rigid Absorbents and Granular

Media,” J. Acoust. Soc. Am., 83(3), 785-799 (March 1983).

. 0. Unnova, K. Attenborough, and XK. M. Li, “Cell Model Calculations of Dynamic

Drag Parameters in Packings of Spberes,” J. Acoust. Soc. Am., 107(3), 3113-3119
(20003,

. 1. E. Allard, Propagation of Sound in Porous Media, Elsevier Applied Science, Lon-

don, 1993,

. J. F. Allard, B. Castagnede, M. Henry, and W. Lauriks, “Evaluation of Tortuosity i

Acoustic Porous Materials Saturated by Aur,” Rev. Sci. Instrum., 65, 754755 (1994).

. ASTM C 522-87, “Standard Test Method for Airflow Resistance of Acoustical

Materials,” Amencan Society for Testing and Matenials, West Conshohocken, PA,
pp. 169—173.

. M. R. Stinson and G. A. Daigle, “Electronic System for the Measurement of Flow

Resistance,” J. Acoust. Soc. Am., 83, 24222428 (1988),

O. Umnova, Unwversity of Salford, United Kingdom, September, 2004. private com-
munication.

P. Leclawe, M. J. Swift, and K. V. Horoshenkov. “Determining the Specific Area
of Porous Acoustic Matenials from Water Extraction Data,” J. Appl Phys., 84,
68866890 (1998).

K. Attenborough, “Models for the Acoustical Properties of Air-Saturated Granular
Media,” Acta Acustica, 1, 213-226 (1993).

K. V. Horoshenkov, K. Attenborough, and S. N. Chandler-Wilde, “Pade Approxi-
mants for the Acoustical Properties of Rigid Frame Porous Media with Pore Size
Distribution,” J. Acoust. Sec. Am., 104, 1198-1209 (1998).



276 SOUND-ABSORBING MATERIALS AND SOUND ABSORBERS REFERENCES 277

29. K. V. Horoshenkov and M. J. Swift, “The Acoustic Properties of Granular Mate-

rials with Pore Size Distribution Close to Log-normal,” J. Acoust. Sec. 4m., 110,
- 2371-2378 (2001).

30. D. L. Johnson, J, Koplik, and R. Dashen, “Theory of Dynamic Permeability and Tor-
tuosity in Fluid-Saturated Porous Media,” J. Fluid Mech., 176, 379—402 (1987).

31. O. Umnova, K. Aitenborough, and K. M. 1, “A Cell Model for the Acoustical Prop-
erties of Packings of Spheres,” Acusrica combined with Acta Acustica, 87, 26-235
(2001).

32. I.F. Allard and Y. Champoux, “New Empurical Relations for Sound Propagation in
Rigid Frame Fibrous Materials,” J. Acoust. Soc. Am., 91, 33463353 (1992).

33, N.N. Voronina and K. V. Horoshenkov, “A New Empirical Model for the Acoustic
Properties of Loose Granular Media,” Appl. Acoust., 64(4), 415-432 (2003).

34. LY. Chung and D. A. Blaser, “Transfer Function Method of Measuring Tn-Duct
Acoustic Properues. 1. Theory, Il Experiment,” J. Acoust. Soc. Am., 68(3), 907921
(1980).

35. C. D. Smith, and T. L. Parrott, “Comparison of Three Methods for Measurmg Acous-
tic Properties of Bulk Materials,” J. Acoust. Soc. Am., 74(5), 15771582 (1983).

36. H. Utsuno et al., “Transfer Function Method for Measuring Characteristic Impedance
and Propagation Constant of Porous Materials,” J. Acoust. Soc. Am., 86(2), 637643
(1989).

37. P. Mechel, Akustische Kennwerte von Faserabsorbem [Acoustic Parameters of
Fibrous Sound Absorbing Materials], Vol. 1, Bericht BS 85/83: Vol. II, Bericht BS
75/82, Fraunhofer Inst. Bauphysik, Sggttgart, Germany.

38, M. E. Delany and E. N. Bazley, “Acoustical Properties of Fibrous Absorbent Mate-

rials,” Appl. Acoust., 3, 105116 (1970).

39. Y. Miki, “Acoustical Properties of Porous Materials— Modifications of Delany-
Bazley Models,” J. Acoust. Soc. Jpn. (E), 11, 19-24 (1990).

40. M. Garai and F. Pompoli, “A Simple Empirical Model of Polyester Fibre Materials
for Acoustical Applications,” Appl. Acoust. (in press).

41. A. Cummings and S. P. Beadle, “Acoustic Properties of Reticulated Plastic Foams,”
J. Sound Vib., 175(1), 115~133 (1993).

42. Q. Wu, “Empurical Relations between Acoustical Properties and Flow Resistivity of
Perous Plastic Open-Cell Elastic Foams,” Appl. Acoust., 25, 141148 (1988).

43. L. P. Dunn and W. A. Davern “Calculation of Acoustic Impedance of Multilayer
Absorbers,” Appl. Acoust., 19, 321-334 (1986).

44. R. J. Astley and A. Cummings, “A Fimte Element Scheme for Attenuation in Ducts
Lined with Porous Material: Comparison with Experiment,” J. Sound Vib., 116,
239-263 (1987).

43. 1. Royar, “Untersuchungen zum Akustishen Absorber-Kanten-Etfekt an einem zwei-
dimensionalen Modell” [“Investigation of the Acoustic Edge-Effect Utilizing a Two-
Dimensional Model”], Ph.D. Thesis, Faculty of Mathematics and Nature Sciences,
University of Saarbrucken, Germany, 1974.

46. F. P. Mechel, “Design Charts for Sound Absorber Layers,” J. Acoust. Soc. Am., 83(3),
1002-1013 (198%).

47. ¥. Mechel. “Sound Absorbers and Absorber Functions,” in G. L. Osipova and
E. J. Judina, (Bds.), Reduction of Noise in Buildings and Inhabited Regions (in
Russian), Strojmizdat, Moscow, 1987,

48. J. L. B. Coelho, “Acoustic Characteristics of Perforate Liners m Fxpansion Cham-
bers,” Ph.D. Thesis, Institute of Sound Vibration, Southampton, 1983,

49. F. Mechel and N. Kiesewetter, “Schallabsorberans Kunstotf-Folie” [“Plastic-Foil
Sound Absorber™], Ac?gzszica, 47, 8388 (1981).




IR CHAPTER 9

Passive Silencers

M. L. MUNJAL

indian Institute of Science i
Bangalore, india

ANTHONY G, GALAITSIS

BBN Systermns aﬁd Technologies Corporation
Cambridge, Massachusetts

ISTVAN L. VER

Caonsuitant in Acoustics, Noige, and Vibration Control
Stow, Massachusestis

9.1 INTRODUCTION

Chapter Organizatioﬁ

This chapter is organized in seven sections. The present section reviews some of
the significant milestones in silencer design, citing relevant references. Section 9.2
reviews the acoustical criteria commonly used to determine silencer performance.
Section 9.3 discusses the decomposition of a silencer into basic acoustical trans-
mission elements, presents transmission matrix expressions for some elements
used in the Section 9.4 examples, and provides references for additional ele-
ments not explicitly covered in this chapter. Section 9.4 discusses the predicted
performance of several silencer designs and provides selected examples of designs
aimed at achieving specific acoustical goals. Section 9.5 provides a more quali-
tative discussion of perforated-element mufflers along with a few muffler design
examples. Section 9.6 considers dissipative silencers most widely used to atten-
uvate broadband noise in dscts with gas flow with a minimum of pressure ;drop
across the silencer. Section 9.7 discusses designs that combine reactive silencer
low-frequency tonal performance with passive silencer high-frequency broadband
performance. A reader solely interested in designing a silencer for a specific
application may proceed directly to Sections 9.3-9.7. :

Background Information

The noise generated by air/gas handling/consumung equipment, such as fans,
blowers, and internal combustion engines, is controlled through the use of two

279
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types of devices: (1) passive silencers and lined ducts whose performance 15 a
function of the geometric and sound-absorbing properties of their components and
(2) active noise control silencers whose noise cancellation features are controlied
by various electromechanical feed-forward and feedback techniques. This chapter
focnses on passive silencers while active noise control is discussed in Chapter 17
and lined ducts are covered in Chapter 16.

In the remainder of this chapter, the term silencer is often used generically to
refer to any type of passive noise control device. Specific names are introduced
primarily in cases where the use of “silencer” may lead to ambiguities,

Over the last four decades silencers have been the focus of many research
programs that improved the understanding of the basic phenomena and resuited
in more accurate design methods. The groundwork for the behavior of lined ducts
with no flow was laid even earlier by Morse! and Cremer,? and the first system-
atic evaluation of mufflers with no flow was conducted by Davis et al.’ Those
works were followed by numerous theoretical and experimental investigations
which addressed additional important issues such as uniform flow, temperature
gradient, and the behavior of new silencer components that are common in mod-
ern applications. Reviews of the major accomplishments in this area have been
presented periodically in the form of individual articles in professional journals,
chapters in engineering handbooks,*~” and, more recently, books by Munjal®®
solely devoted to mufflers.

The analytical work on this subject benefited substantially from the early
adaptation of the transfer matrix approach fo silencer modeling. This method,
which was promoted for the description of mechanical systems early on,!® was
used along with electrical analogs to describe the behavior of basic silencer
componenis'! for plane-wave sound propagation in the absence of flow. Sub-
sequent 1nvestigations began addressing the effects of flow on the response of
elements consisting of area discontinuities'>!> and generating transfer matrix
models for silencer elements. The predicied performance of various reactive
silencers using transfer matrices with convective and dissipative effects in the
presence of flow agreed well with measured data.'*

Concurrently, systematic studies were initiated on the behavior of perforated
plates (perforates) to take advantage of their dissipative properties'>~!7 for general
applications in the transportation industry. Such perforates are used in auntomo-
tive applications as part of the two- and three-pipe elements featuring one and
two perforated pipes, respectively, contained within a larger diameter rigid-wall
cylindrical cavity. Such configurations were investigated'$~%* by combining an
orifice model with the transfer matrices of the axially segmented perforated tube
or tubes and the unpartitioned cavity.

At lugher frequencies or for large mufflers, three-dimensional effects become
significant. The approaches used in three-dimensional silencer analysis include
the finite-clement, boundary-element, and acoustical-wave finite-element meth-
ods. Each has some inherent advantages at higher frequencies where higher order
modes will start propagating, but on the average they are much more complex
and time consuming to implement. Therefore, the plane-wave transfer matrix
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method is presently the most widely used approach, particularly for synthesis of
an initial configuration of a passive silencer.?*-26

Experimental work conducted in parallel with the analysis validated the devel-
oped models and pointed out areas requiring further investigation. Methods for the
direct measurement of transfer matrices were developed® 3! to validate/modify
the models of existing silencer elements. Substantial attention was also paid
to the source impedance, which was expected to influence the insertion loss
of a silencer and the net radiated acoustical power of the system. The source
impedance of a six-cylinder engine was measured with an impedance tube using
pure tones,***® and the impedance of electroacoustical drivers and multicylinder
engines was subsequently measured® %7 using the much quicker two-microphone
methods.*¥-40 More recent indirect methods characterized the source impedance
through measurements using two, three, or four different acoustical loads.#1-46

The research performed and the knowledge developed in the field of pas-
sive silencers are very extensive and cannot be adequately covered in a single
chapter. Accordingly, this chapter reviews the basic background information,
sumimarizes the methodologies for silencer design, demonstrates these approaches
through selected examples, and discusses additional topics and references useful
to. general applications. A reader wishing to acquire more information on internal
combustion engine silencers is urged to review references 47--50 for a summary
of a general automotive silencer development approach and of typical predicted
and measured results, references 51 and 52 for condensed qualitative reviews
of the accomplishments m this field, and references 8 and 9 for an extensive
bibliography on and a detailed discussion of most silencer-related topics.

9.2 SILENCER PERFORMANCE METRICS

The majority of noise sources have an intake and an exhaust and, generally,
they require both intake and exhaust silencers. The two cases are characterized
by different flow direction, back pressure, average gas temperature, and average
sound pressure levels, but the corresponding hardware is developed using the
same principles and design methods. The following discussion is tailored to
exhaust silencers but it is equally applicable to intake silencers.

Silencer Selection Factors

The use of a silencer is prompted by the need to reduce the radiated noise of a
source but, in most applications, the final selection is based on trade-offs between
the predicted. acoustical performance, mechanical performance, volume/weight,
and cost of the resulting system. T

During development, the acoustical performance (insertion loss) of a candidate
silencer is determined from the free-field sound pressure levels measured at the
same relative locations with respect to the noise outlet of the unsilenced and
silenced sources. If the noise outlet is inserted into a reverberant space, then
the difference.can be measured anywhere within the reverberant field, and the
difference sound pressure level represents the power-based insertion loss.
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The impact of the silencer on the mechanical performance of the source is
deternmined from the change in the silencer back pressure. For a continuous-flow
source, such as a fan or a gas turbine, the impact 1s determined from the increase
in'the average back pressure; by contrast, for an intermittent-flow source, such
as a reciprocating engine, the impact is a function of the increase in the exhaust
manifold pressure when an exhaust valve is open,

Most silencers are subject to volume/weight constraints, which also influ-
ence the silencer design process. In addition, the initial purchase/installation cost
and the periodic maintenance cost are other important factors that influence the
silencer selection process.

Since noise is the root cause of silencer design, the remainder of this chapter
focuses on the prediction of a silencer’s acoustical performance and also on the
estimation of back pressure. The additional performance criteria associated with
hardware volume, weight, and cost are trade-off parameters to be determined
separately. for each application.

Factors Influencing Acoustical Performance

Reactive and Dissipative Silencers. The net change AW in the acoustical
power radiated from a source can be expressed as

AW =W, —Wo =W, — (W] = W) =W, —WD+W, Nmis (91

where W; and W, comrespond to the unsilenced and silenced sources (Fig. 9.‘ 1,
Wy — W/ is the net change in the acoustical power output of Vthe source resulting
from changes in the silencer’s reflection coefficient, and Wy is aitributable to the
dissipative properties of the silencer.

A
[ —— /W1
_~at— [}, L .:
Source )
Dissipative
element

Source

Muffler
FIGURE 9.1 Radiated noise reduction mechanisms of a silencer.
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The reflection coefficient is manipulated primarily by introducing cross-sec-
tional discontinuities i the piping system, and the dissipated part W, depends
largely on the dissipative properties of the silencer elements. In practice, all
silencer elements reflect and dissipate acoustical energy to some extent. However,
traditionally, they have been categorized into reactive and dissipative silencers
when their insertion loss is dominated by reflective and dissipative mechanisms,
respectively. This convention has also been adopted in this chapter, but the reader
should be aware that most common applications involve various degrees of over-
lap between the two extremes.

Flanking Paths and Secondary Source Mechanisms. The acoustical power
radiated from a silenced source, such as an engine, includes airborne noise (Way)
from the exhaust pipe outlet, silencer shell noise (Wsy) radiated from the vibrating
walls of the silencer and exhaust line pipes, and a confribution (Wap) from
additional sources, such as source shell and source intake, located upstream of
the silencer.

The shell noise resulis from the excitation of silencer components by the
vibrating engine, by the intense internal acoustical pressure fields, and by aero-
dynamic forces. These contributions can be reduced substantially through various
methods, but they cannot be totally eliminated and, eventually, they set the limit
for the achievable insertion loss for high-performance silencers.

The acoustical power contributions Wgy and Wyp are excluded from further
consideration in the remainder of the chapter; that is, the discussion is focused on
the impact of silencers on the airborne noise contributions Wgx. However, one
should be aware of their existence and significance, particularly in experimental
applications where limited resources may lead to the measurement of Wgx in the
presence of Wgy and Wap.

Silencer Sysfem Modeling

Sifencer Component Representation. The basic components of a typical
silencer system comprise the noise source, silencer, connecting pipes, and sur-
rounding medium (Fig. 9.24). The pipe connecting the source to the silencer
is treated as part of the source. Figure 9.2b shows the corresponding electrical
analog of the acoustical system, which is widely used to facilitate the represen-
tation and handling of acoustical transmission lines. This analog model, which
uses acoustical pressure p and mass velocity poSu in kg/s, instead of voltage
and current, represents the noise source with a source pressure p, and an inter-
nal impedance Z;, the silencer and pipe segment with four-pole elements (7;
and Dy;), and the surrounding medivm with a termination (or radiation load)
impedance Zy. Analytical expressions for the transfer matrices of pipes and
selected silencer elements are presented in references 8 and 9. Some of ‘them are
given later in Section 9.3.

Let p;, u;, i = 1, 2, 3, designate the acoustical pressure and particle velocity
at the interfaces of acoustical components of the source—silencer—load system
illustrated in Fig. 9.25. These guantities may be obtained by solving the system
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FIGURE 9.2 (a) Acoustical and (b) electrical analog components of a silencer.

of equations describing the response of the components depicted in Fig. 9.2b,
namely,

~

Ps = 3+ poZsSaits 9.2)
| _|Tu T )
[;ﬁosaua l_ [ Ty Tzz] [ PoSatz ] @3
P2 Dy Dn 141
= 9.4
[,0052”2] [Dzl 13’22:] l:ﬂosiul] ©4)
= ZrpoSiuy 9.5)

where pg 1s the mean gas density and 5; is the duct cross-sectional area at
the ith location. The calculated quantities p;, poSiu;, 1 = 1,2, ..., can then be
combined with the selected performance criterion to determine the effectiveness
of the silencer.

Acoustical Performance Criteria. The most frequently used performance cri-
teria are the insertion loss (IL), noise reduction (NR), and transmussion loss (TL).
All three use a sound-pressure-level difference as a performance indicator; there-
fore, they require no explicit knowledge of the source strength p;, of Eq. (9.2).
The number of required system parameters (source impedance Z, transfer matrix
elements D;;, and termination impedance Zr*) other than the silencer matrix Tj;
can be further reduced by the specific choice of the performance criterion.

The IL is defined as the change in the radiated sound pressure level resulting
from the insertion of the muffler, that is, the replacement of a pipe segment of
length I} (Fig. 9.3a) located downstream from the -source by the silencer and a
new tail-pipe segment of length I, (Fig. 9.3b). Insertion loss is expressed as

IL =L, — L, =20 log |22
Pa

9.6)

*#The impedance Z in this chapter is defined as p; /(oo Siuy).
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FIGURE 9.3 Quantities use for the determination of (a,b) msertion loss, (¢) noise

reduction, and (d) transmission loss.

where py, p; and L, L, are the measured sound pressures and sound pressure
‘levels at the same relative location (distance and orientation) with respect to the
exhaust outlet (Fig. 9.3a) before and after the installation of the muffler and “log”
refers to a logarithm with respect to the base 10. Mathematically,

TuZr + Tio + TuZ,Zy + T2,

IL=20lo :
8\ DuZr + Do + Dz, 27 + Dz,

O.7

where T ; 15 the combined transfer matrix element of the silencer and its tail pipe
(T = T D), and Dj; is the transfer matrix element of the replaced exhaust pipe
segment. If the silencer is simply added to the end of the source (/; ==, = 0
in Figs. 932 and b), then both D' and D are identity matrices (see Transfer
Matrices for Reactive Elements in Section 9.3) and Eq. (9.7) is reduced to

Tllzr + Tl2 + T?.I Zrzs + TEZZS

i =L =0)=20 lo .
1= 2 7t Z, (9.8
The noise reduction is given by
_ P2
NR = L; — Ly =20 log|— 9.9)
| Pt

that 1s, it is the difference between the sound pressure levels measured at two
points 1 and 2 (Fig. 9.3¢) of the silenced system located upstream and down-
stream of the silencer, respectively. If D;; and 7; ; represent the transfer matrix
elements for the silencer portions downstream of points 1 and 2, respecnvely,
the noise reduction is given by

_fliZT + Tz

NR = 20 log
Dy Zy + Dy

(9.10}
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g
The TL is the acoustical power-level difference between the incident and
transmitted waves of an anechoically terminated silencer (see Fig. 9.3d). In terms
of the corresponding transfer matrix, the transmission loss is given by

Ty + S/ T+ (c/S$To + Ty

TL =20 log 3

(9.11)

where ¢ is the speed of sound at design temperature and S is the cross-sectional
area of the reference pipe.

This expression assumes that {a) the area of cross section of the exhaust pipe
upstream of the silencer is the same as that of the tailpipe, that is, S; (b) the
silencer is siroply added at the end of the source (¢} = I, = 0); and (¢) the tail
pipe end (or radiation end) is anechoic (Zp = ¢/5).

The IL 1s the most.appropriate indicator of a silencer’s performance because
it is the level difference of the acoustical power radiated from the unsilenced
and silenced systems. It is easy to quantify from pre- and postsilencing data,
but it 1s hard to predict because it depends on Z, and Zy, which vary from
one application to another. By countrast, the TL is easy to predict but is only an
approximation of the silencer’s actual performance because it does not account
for the source impedance and it models all silencer outlets with anechoic termina-
tions, Equations (9.7) and (9.11) show that the TL and II. of a silencer become
identical when the noise source and silencer termination are anechoic, that is,
Z, = Zy = ¢/S. Similarly, it can readily be shown® that for a constant-pressure
source (Z; = 0), the NR and IL. become identical, provided the cross-sectional
area of the exhaust pipe upstream of the silencer is the same as that of the
tailpipe.

The vltimate selection of an evaluation criterion is based on trade-offs between
the desired accuracy in the predictions and the amount of available resources.
For example, Z,, required for I1. predictions, can be determined experimentally
through various methods,?~*° but the procedure is too costly for the majority
of applications. As a result, the silencer design is, generally, based on predicted
TL, with a clear understanding of the associated approximations, while the final
evaluation of the hardware during field tests is based on the measured IL.

9.3 REACTIVE SILENCER COMPONENTS AND MODELS

Reactive silencers consist typically of several pipe segments that interconnect a
number of larger diameter chambers. These silencers reduce the radiated acous-
tical power primarily through impedance mismatch, that is, through the use of
acoustical impedance discontinuities to reflect sound back toward the source.
In essence, the more pronounced the discontinuities, the higher the amount of
reflected power. Acoustical impedance discontinuities are commonly achieved
through {(a) sudden cross-sectional changes (i.e., expansions or contractions),
(b) wall property changes (i.e., transition from a rigid-wall pipe to an equal-
diameter absorbing wall pipe), or (¢) any combination thereof.
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Silencer Representation by Basic Silencer Elements -

Every silencer can be divided into 2 number of segments or elements each rep-
resented by a transfer matrix. The transfer matrices can then be. combined to
obtain the system matrix, which may then be substituted into Eqgs. (9.7), (9.10),
or (9.11) to predict the corresponding acoustical performance for the silencer
system. '

The procedure is illustrated by considering the silencer of Fig. 9.4, which
is divided into the basic elements, labeled 19, indicated by the dashed lines.
Elements 1, 3, 5, 7, and 9 are simple pipes of constant cross section. Element
2 is a simple area expansion, element 4 is an area contraction with an extended
outlet pipe, element 6 is an area expansion with an extended inlet pipe, and
element 8 18 a simple area contraction. The nine elements are characterized by

the transfer matrices TV through T'®; therefore, the system matrix 7' for the

entire silencer is obtained from
7O =10, 70, ... 7O (9.12)

through, matrix multiplication. The matrices for each of the above elements may
be denived from the formulas presented later in this section.

A few of the most common reactive muffler elements are discussed in this
section and some are used in illustrative design examples. Additional elements
that were the subject of previous.investigations include gradually varying area
ducts (such as horns), uniform-area compliant-wall ducts (such as hoses), Quincke
tubes, inline cavities, inline bellows, catalytic converter elements, branch sub
systems, side inlets/outlets, cavity-backed resistive-wall elements, and perforated-
duct elements with and without mean flow through the perforations. Transfer
matrices for each of these elements have been derived over the last three decades
by different researchers,**~7% and explicit expressions for their four-pole param-
eters are given m detail in references 8 and 9.

The variety of silencer elements and the multitude of elements per silencer
result in numerous silencer configurations; therefore, a comprehensive study of
all possible silencer applications is beyond. the scope of this work. For this
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FIGURE 9.4 Decomposition of a silencer into basic elements.
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reason, the remainder. of this chapter uses selected silencer configurations to
demonstrate

(a) the typical process for modeling a basic silencer element with a (four-pole
parameter) transpission matrix,

(b) the process for predicting the acoustical performance of a given silencer
configuration from the properties (transmission matrices) of its constituent
elements, and ‘

(c) the process for selecting a silencer design to achieve approximately a
specified acoustical performance.

Furthermore, Section 9.5 provides additional information and sketches for

- perforated-tube elements and analyzes the performance of selected perforated-
tube muffler configurations. The reader could also apply the demonstrated design
process to any other silencer configurations by obtaining and utilizing the relevant
transmission matrix information from the corresponding references 8, 9, 53-69.

Transfer Matrices for Reactive Elements

The transfer matrix of a silencer element is a function of the element geometry,
state variables of the medium, mean flow velocity, and properties of duct liners,
if any. The results presented below, correspond to the linear sound propagation
of a plane wave in the presence of superimposed flow. In certain cases, the
matrix may also be influenced by nonlinear effects, higher order modes, and
temperature gradients; these latter effects, which can be included in special cases,
are discussed qualitatively later in this section, buf they are excluded from the
analytical procedure described below. The following is a list of variables. and
parameters that appear in most transfer matrix relations of reactive elements:

p; = acoustical pressure at ith location of element
u; = particle velocity at ith location of element
oo = mean density of gas, kg/m’®

¢ == sound speed m/s, = 331./6/273

8 == absolute temperature, K = °C 4 273

S, = cross section of element at ith location, m?
Y,‘ = ¢f Si
A, B = amplitudes of right- and left-bound fields
k. = ko/{1 ~ M?) assuming negligible frictional energy loss along straight

pipe segments
ky = wjc=2nf/c

w=2nf
f = frequency, Hz
M =Vic

V = mean flow velocity through §
Ti; = (ij)th element of transmission matrix or transfer matrix
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7 Symbols without subscripts, such as V, ¢, and M, describe quantities associated
with the reference duct.

Pipe with Uniform Cross Section. The acoustical pressure and mass velocity

ﬁelds P, poSu in a pipe with uniform cross section § and a mean flow Vo are
given by

p(x) = (Ae kx| Bolkexypl Mhcxtar) (9.13a)
: ) O i (MExton
PoSu(x) = (Ae~7%x — Befch)f-—-——Y (9.13b)

where S is the cross section of the pipe. Equations (9.13a) and (9.13b) can
be evaluated at x = 0 and x = to obtain the corresponding fields po, peSusy
and py, poSui, respectively. Upon elimination of the constants A4 and B, one

obtains® 13
P2 | _ 1Ty Ty 41
[190314'2:1 - [Tz: Tzz} [PGSM ©-14)

where the transmission matrix Toipe i given by

¢ Tn_:l s cos kel jYosink.l '
/- =g FMEL : < a 4
pipe [ n T pipe £ sink,l cosk,l ©.15)
In the transfer matrix of Eq. (9.15) the acoustical energy dissipation that may
fesult from friction between the gas and the rigid wall as well as from turbulence
is neglected. These effects, which would result in a slightly different matrix,?

may be noticeable in very long exhaust systems but they are negligible for most
silencer applications.

Cross-Sectional Discontinuities. The transition elements used to model most
cross-sectional discontinuities are shown in Figs. 9.5b,c,e, f and in the first col-
umn of Table 9.1. Using decreasing element-subscript values with distance from
the noise source, the cross-sectional areas upstream, at, and downstream of the
transition (S5, Sz, and §}) are related through?

CiSi+CS+ 83=0 9.16)

where the constants Cy and C, (Table 9.1) are selected so as to satisfy the com-

. patibility of the cross-sectional areas across the transition.

Eor each configuration, Table 9.1 also shows the pressure loss coefficient X,
which accounts for the conversion of some mean-flow energy and acoustical
field energy into heat at the discontinuities. As indicated, K < 0.5 for

area contractions, while K — (5;/5;)* for area expansions at large values
of Sy / Ss.
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FIGURE 9.5 Basic silencer element: (@) plain pipe; (b,c) extended tube inlet/outlet;
(d) resonator; (e, f) reversal expansiéejcontraf:tion.

TABLE 9.1 Parameter Values of Transition
Elements

Element Type ™ Lon Cy K
1 5/8

-1 -1
5 -t 2

I
bt

Sy S S3
- 5

i
ity

=
! S
N
- Ly -

Transfer matrices for cross-sectional discontinuities (csd) in the presence of
mean flow that include terms proportional up to the fourth power (M*) of the
Mach number are presented in reference 8. However, in most silencer design
applications, M < 1; therefore, terms of the form 14 M"* n > 2, are set to
unity. This simplification reduces the matrix Tee, which relates the upstream and
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downstream acoustical fields ps, pSus and py, pSu; through -

3 7 1
[/}0§3M3 ]upstream B FCSd [’Oo‘glal ]aownstrcam (917)
to
1 kM Yy
[Towal = 85 Ca82Zy — M Y(Ci 51 + $3K) (9.18)

Ci5227 + $M3Y3
where Z; = —j(c/8;) cotkgly
I, = length of extended inlet/outlet pipe, m

Letting length 4 tend to zero (as in the case of sudden expansion and con-
traction shown in Fig. 9.5) yields the transfer matrix

1 Kmn
[0 1 :! (9.20)

Co82Zy + S3M3Y5

(9.19)

' Resonators. A resonator is a cavity-backed opening in the sidewall of a pipe

Fig. (9.5d). The opening may consist of a single hole on the pipe wall (Fig. 9.64)
or a closely distributed group of holes (Fig. 9.65). The volume behind this open-
ing can comprise a throat of length /, and cross section S, terminated by a
straight pipe of cross-sectional area S, and depth [, (Fig. 9.6¢), a concentric
cylinder extending a length /, and [; upstrearn and downstream of the open-
ing (Fig. 9.6d), an odd-shaped chamber of total volume V, (Fig. 9.6¢), or an
extended-tube (quarter-wave) resonator of length I, (Figs. 9.5b,c.e, ).

The resonator opening in the wall of the main duct is assumed to be well
localized; that is, the axial dimension of the perforated section is much smaller
than the wavelength and typically smaller than a duct diameter. This requirement
ensures that the duct—cavity interaction 1s in phase over the entire surface of
the connecting opening. Transnussion matrices for multihole openings with sub-
stantial axial dimensions requiring modeling by perforated-tube elements may be
found in references 8 and 9.

The transfer matrix for a resonator for a stationary medium is given by’

1 0
Z, '

where Z, = Z, + Z,, Z, is the impedance of the throat connecting the pipe to
the cavity, and Z. is the impedance of the cavity. Here, Z, is independent of the
flow in the main duct and is given by one of the following expressions:

Zy = ~j§~ cotkol,

<

c 1 )
Zyp s d Zeg = = o o (m - $) ! 9.22)
Se tan kol + tankgly
. C
@ =,



292 PASSIVE SILENCERS

A4 Sczx(rg-rf)
oo
@ o ot v
T,
I —
~
—_
————)
a : : :
) Ay Ty

@ ' (¢}
FIGURE 9.6 Resonator components and configurations.

where the subscripts i, cc, and gv refer to the transverse-tube (quarter-wave
resonator), concentric-cylinder, and general-volume cavities. These qflantities ax}d
the lengths 7, I;, and [, the cross section S;, and the volume V, are illustrated in
Fig. 9.6. It should be noted that at low frequencies (kol, < 1 and koly, koly < 1)
both Zy and Z are reduced to the expression of Zy,.

The impedance Z; of the throat connecting the duct to the cavity tf;hanges
dramatically with grazing flow; therefore, it is characterized by two sets of values.
For M = 0, this quantity is given by

2
ZIM=01 _ _}_ i’i(l + Jw) (m - s)'l’ (9.23)
! my\ @ So

where [; is the length of the connecting throat, r, the orifice radius, S, the area
of a single orifice, and »; the total number of perforated holes. In the al?sence of
mean flow, this expression has yielded good agreement between predicted and
measured results for single-hole and well-localized multihole resonators.

The presence of grazing flow (M # 0 in the duct) has a strong effg:ct on the
impedance Z; of the resonator throat. Measurements conducted using single- and
multihole throats*>> have led to the empirical expression

ZIA L (7.3 % 1073 (1 4 72M) + j2.2
O‘S()

x 1073 (1 + 51531 + 40870} f]1  (m - 8)™* 9.24)
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where the parameters [, and r, in Eq. (9.23) are in meters and o is.the porosity.

The expression of Eq. (9.24) is more appropriate for predictions in the presence
of grazing flow.

- Transmission Matrices for Other Elements, The mass and momentom con-

servation laws used to derive the transmission matrices for a pipe segment,
area discontinuities, and resonators can be similarly deployed to obtain simi-
lar expressions for other elements. The reader may find additional information
ou transmission matrices in references 8, 9, and 5369, :

9.4 PERFORMANCE PREDICTION AND DESIGN EXAMPLES
FOR EXPANSION CHAMBER MUFFLERS

Simple Expansion Chamber Muffler (SECM)

This silencer consists of an exhaust pipe, an expansion chamber, and a tail pipe
of different transverse dimensions as shown n Fig. 9.7. The TL for this simple
configuration may be obtained by substituting into Eq. (9.11) the transmission
matrices for these elements obtained from Eqs. (9.15) and (9.18).

In a simplified case, where the flow is or is assumed to be insignificant, the
product of the three matrices is reduced to the expression v

. 1 2 )
TL = 101og [1 +0.25 (N - 7\7) sin? ch:l dB (9.25)

where £ is the wavenumber, L is the chamber length, and N is the area ratio
given by N = $,/5;, where S, is the area of cross section of the chamber and
351 that of the tail pipe or exhaust pipe (assumed to be equal),

SECM: M=0, Ly=Lp=0
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FIGURE 9.7 Simple expansion chamber muffier: (a) typical cross section; (b) muffler
elements; (¢} predicted transmussion loss for different area ratios. .
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The predicted TL is presented in Fig. 9.7¢ for a few values of the area ratio
N and displayed versus the dimensionless quantity g = kL/n. The troughs of
the TL curve occur at kL /7 = n, while the peaks occur at kL/7x = (Cn — 1)/2,
where k = w/c 18 the wave number and » is an integer.

Example 9.1. The predicted curves of Fig. 9.7¢ can be used to develop a start-
g design of a SECM with a. given performance goal. For example, assume
that we need a 10-dB reduction for a 180-Hz tone generated by the exhaust of
a small engine venting through a pipe with a diameter 4 =2 in. (5.1 cm) at a
temperature of 50°C and at a negligible flow speed.

The typical design process aligns the 180-Hz tone with one of the predicted
acoustical performance peaks. Generally, alignment with a peak on a low-area-
ratio (S5;/81) curve will minimize the muffler diameter and alignment with a
peak at a low value of kL/7 will minimize the length of the resulting muffier.
In the present example, the design may proceed along the following steps:

s Step 1: The 180-Hz tone is aligned with the predicted 12-dB peak of the
S,/S1 = 8 curve at kL/w = 0.5 (Fig. 9.7¢).

e Step 2: At 50°C (323 K), the sound speed c = 331 radical /3237273 =
360 m/s. -

e Step 3: The corresponding wavenumber k = 27 f/c = 27 x 180/360 =
3.14 rad/m.

s Step 4: The required muffier length L (given by kL/n = 0.5) = 0.5n/k =
0.57/3.14 = 0.5.

e Step 5: The required muffler diameter D = d./5,/8; = 5.14/8 = 14.4 cm.

One important implication of antilog addition and subtraction 1s that raising
the trough levels of the IL (or, for that matter, the TL) by an amount DL has a
more favorable impact than raising the peaks by the same amount DL. Therefore.
it 1s desirable to try to raise the troughs (particularly, the first few at the lower
end frequency range) through design adjustments, even at the expense of some
reduction in the peaks of the revised muffler configuration.

A major disadvantage of the simple expansion chamber silencer is that in
certain applications time-varying tones and their harmonics may align simulta-
neously with the periodic troughs and cause a severe deterioration in acousti-
cal performance. This problem may be resolved to varying degrees by using
extended-tube (inlet and/or outlet) elements.

Extended-Qutlet Mufflers

An extended-outlet muffler (Fig. 9.8a) represents the first incremental step toward
improving the performance of a single-chamber muffler. This configuration 1s
decomposed into the three basic elements illustrated in Fig. 9.85:

e a sudden expansion element (SE) at the inlet, flush with the left wall of the
chamber;
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FIGURE 9.8 Extended-outlet expansion chamber: (a) typical configuration; (&) con-
stituent muffler elements.

s 4 pipe element (P); and
o an extended-outlet element (EO) at the right end of the chamber.

The exiended-outlet muffler design introduces a new length, L;, which
increases by 1 the number of dimensionless parametérs (L/d, $2/S1, and L;/L)
that can be used to optimize the muffler’s TL.

Transmission matrices for the silencer elements shown in Fig. 9.8 are obta-
ined from Eq. (9.15) (for the pipe element P), Eq. (9.18) (extended-outlet: ele-
ment EO), and Eq. (9.20) (sudden expansion element SE).

It should be noted that at certain frequencies the impedance Zy, introduced
by the transmission matrix of Eq. (9.19) for the extended-outlet element, would
approach zero, and the branch element would generate a pressure release con-
dition. Under these conditions, the incident wave would appear to interact iwith
a closed-end cavity, and no acoustical power would be transmitted downstream,
For rigid end plates, this condition would occur when cot(kL;) = 0, correspond-
ing to kL, /7w = (2Zn — 1)/2. Accordingly, a dominant peak in the source spectrum
can be reduced significantly by proper selection of the tube length extended: into
the chamber. . :
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FIGURE 9.9 Transmission loss of extended-outlet muffler for different outlet pipe len-
gths: M = 0; L, /L equals (@) 0.75, (b} 0.5, (¢) 0.25, and (d) 0.2.

Figures 9.9a-9.94 illustrate the variation of the TL for an extended-outlet
expansion chamber for four values of the dimensionless parameter Li/L. As
expected, the maximum peak of TL shifts toward higher frequencies as L,/L
decreases, Furthermore, a suitable choice of L;/L, resulting in kL,/w =
(2n — 1)/2, n being an integer, relocates some performance peaks so as to elimi-
nate some of the troughs that would otherwise occur at kL = nnm (Fig. 9.7¢) for

the stmple expansion chamber muffler. This behavior is exploited in the following
two design examples.

Example 9.2. Consider the application requiring 2 15-dB reduction of a steady
120-Hz tone generated by the exhaust of a small engine venting through a pipe
with a diameter d = 1.5 in. (3.8 cm) at a temperature of 100°C and at a negligible
flow speed.

Since the tone is steady, that 1s, its does not vary appreciably versus time, we
can consider aligning it with one of the sharp peaks in the predicted TL. This
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suggests selection of the Fig. 9.9a configuration, characterized by Ly /L = 0.75,
which has a family of relatively sharp peaks at kL/z = 0.75.
In the present example, the design may proceed along the following steps:

e Step 1: The 120-Hz tone is aligned with the predicted >12-dB peak of the
852/8) = 8 curve at kL /n = 0.75 (Fig. 9.94).

o Step 2: At 100°C (373 K), the sound speed ¢ = 331./373/273 = 387 m/s.

e Step 3: The corresponding wavenumber & = 25 f/c = 2 = 120/387 =
1.95 rad/m.

s Step 4: The required muffler length (given by kL/x = 0.75) L = 0.75xz/
1.95 = 1.2 m.

e Step 5: The required muffler diameter D = d+/8;/S; = 3.8+/8 = 10.8 cm.

Example 9.3. Consider the application requiring a 10-dB reduction of a time-
varying 150-Hz tone generated by the exhaust of a small engine venting through
a pipe with diameter d = 2.5 in. (6.3 cm) at a temperature of 80°C and at a
negligible flow speed. Furthermore, assume that the a variable load in the engine
causes its frequency to vary £15%, that is, operating anywhere in the 127 <
f < 172-Hz range.

Since the frequency of the tone is unsteady, we can consider aligning it with
one of the “broad” peaks in the predicted TL. This suggests selection of the
Fig. 9.9b configuration, characterized by L;/L = 0.5, which has a family of
relatively “broad hill peaks” around the spikes occurring at kL/x = 1.

All curves with S3/S; >4 appear fo bave TL > 10 dB within 15% of
kL/7 = 1. For a conservative result, we select the curve with §5/5; = 8 and
complete the muffler design using the following steps:

e Step 1: The 150-Hz tone is aligned with the predicted >10-dB peak of the
S$2/81 = 8 curve at kL/w = 1 (Fig. 9.9b).
« Step 2: At 80°C (353 K), the sound speed ¢ = 331.4/353/273 = 376 m/s.

« Step 3: The corresponding wavenumber k = 2xf/¢ = 2m x 150/376 = 2.5
rad/m.

o Step 4: The required muffler length (given by AL/ = 1) L = 1.0m/2.5 =
1.25 m.

e Step 5: The required muffler diameter D = d+/S;/5; = 6.3+/8 = 18 cm.

The TL for extended-inlet silencers can be derived in a similar manner. For
negligible values of flow, their acoustical performance is similar to that of the
extended-outlet silencers; in other words, for negligible inflow, either side of the
muffler can be used as the inlet with no appreciable change in the TL.

Double-Tuned Expansion Chamber (DTEC)

The “filling up” of the troughs achieved through the extended-outlet muffler can
be further enhanced through the simultaneous deployment of an extended-inlet
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pipe of length L, (double tuning). An extended inlet introduces an additional
parameter, L /L, which used in conjunction with the extended-outlet parameter
Ly/L can fill up additional troughs and further ituprove the achievable TL over
a broader frequency range. For optimum results, Z; and L, are selected so as to
neutralize different sets of troughs to the extent possible.

The new double-tuned expansion chamber (DTEC) silencer design (Fig. 9.10a)
is decomposed into three basic elements (Fig. 9.10b):

» an extended-inlet element (EI) at the left end of the chamber,
e a pipe element (P), and
o an extended-outlet element (EQ) at the right end of the chamber

Thus, the introduction of the new length, L,, for the extended inlet enhances
the optimization of the DTEC"s transmission loss through an inereased number
of dimensionless parameters, which now include &/L, S2/81, Li/L, and L,/ L.

Transmission matrices for the Fig. 9.10b silencer elements are obtained from
Eq. (9.15) (for the pipe element P) and from Eq. (9.18) (extended-inlet and
extended-outlet elements El and EO).

Of the infinite number of (L,/L, Li/L) combinations, a selection of L; =
L{2 and L, = L/4 leads to a particularly favorable TL. Specifically, since the
extended-inlet element includes a term proportional to cot(kL,) [see Egs. 9.18
and 9.19]; it produces stop bands at kL, = (2n — 1)1/2 or, equivalently, at kL =
2(2n — Do, filling up the troughs at kL/mw =2, 6, 10,.... Similarly, since the
BO element includes a term proportional to cot(kL;), it produces stop bands at

- L - DTEC: M=0, L= 2L, = 4L,
60
- N=8 ---- N=64
- - L] B 5ol —-- N-4
TT— - _— 2
@ .
2
N — 3
i ¢ o
[t S
p2]
(a) 5
o
@, ® | .
T 3
_____ Ly e O Normalized frequency, kL/x
e z ©
e
4

(b}

FIGURE 9.10 Double-tuned expansion chamber: (a) typical configuration; () con-
stituent elements; (¢) predicted TL for Ly = L/4, Ly = L/2.
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kLy = (2n — 1)n/2 or, equivalently, at KL = (2n ~ 1)z, filling up the troughs at
kL/m =1,3,5,....In other words, this design features troughs only at kL /7 =
0,4,812,.... ~

The corresponding predicted TL for a few area ratio values is shown in
Fig. 9.10c. Its most prominent feature is the lack of troughs at locations other
than at kL /7 = 4n, n being an integer. Accordingly, this design offers a better
solution for broadband performance than any of the previous configurations. High
reduction limited to a narrow band (like Fig. 9.9a) can be achieved by adjusting
the inlet/outlet lengths away from their (Lj/L, Ly/L) = (%, i—) values,

Example 9.4. Consider the application requiring a 10-dB reduction of 200—600-
Hz broadband noise generated by a noise source venting through a pipe with
diameter d = 2 in. (5.1 cm) at a temperature of 120°C and at a negligible flow
speed. Because of the broadband requirements, a DTEC muffler design is selected
through the following steps:

e Step 1@ The 400-Hz center of the subject frequency band is aligned with
the center, kL /7w = 2 of the broad TL peaks of Fig. 9.10c; this places the
upper and lower frequency bounds (200 and 600 Hz) at XL /n values of 1
and 3, respectively. ‘

# Step 2: The $»/8; =4 curve (Fig. 9.10¢) is selected because it provides
> 10dB TL in the 1 < kL/m < 3 range.

e Step 3: The required muffler diameter D = d/$3/5] = 5.1/4 = 10.1 cm.
» Step 4: At 120°C (393 K), the sound speed ¢ = 2314/393/273 = 397 m/s.
e Step 5: Given that kL /% = 1 corresponds to 200 Hz, the required muffier

length L =k = mc/(2nf) = 397/(2 x 200} = 0.99 m, L; = L/2 = 0.495
m and Ly = L/4 = 0.247 m.

General Design Guidelines for Expansion Chamber Mufflers

Transmmssion loss curves with higher levels and fewer or less pronounced troughs
can be obtained with more complex muffler configurations. Specifically, one
can cascade two or more DTECs to further optimize performance through an
increased number of system parameters. However, an increasing system com-
plexity is not without limits, since muffler size and weight are important design
parameters in practical applications. For example, increasing the number of ‘ele-
ments reduces the average length/diameter of individual elements, which reduces
low-frequency performance, and increases the number of partitions, which
increases weight. These competing factors improve certain features while degrad-
ing others and lead to design trade-offs that are specific to each application.

A close examination of a number of designs (not detailed here) featuring one
to three DTECs leads to the following observations or design considerations:

e The TL of a SECM features nulls (troughs) at kL/7 =1, 2, 3,4, 5.
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If an SECM is augmented with an extended-inlet {or outlet, for that matter)
pipe equal in length to half the chamber length, then the troughs corre-
sponding to kL/m = 1,3,5,7,9, ... are eliminated.

e If an SECM is augmented with an extended-inlet (or outlet, for that mat-
ter) pipe equal in length to quarter the chamber length, then the troughs
corresponding to kL /n = 2,6, 10, 14, ... are climinated.

o If an SECM is augmented with extended-inlet and extended-outlet pipes
equal in length to half and quarter the chamber length, respectively (DTEC),
then the TL retains troughs only at KL/ =4,8,12,16,....

« The TL of two identical cascaded DTECs occupying the same envelope
as a single DTEC features less pronounced troughs and geperaily higher
levels, except at low frequencies (kL/n < 0.5), where some degradation is
observed.

« The TL of two unequal cascaded DTECs can be further improved over the

TL of two identical cascaded DTECs occupying the same envelope.

Additional T1. improvements can be achieved through the use of three or more
cascaded DTECs occupying the same total envelope as one DTEC. However,
such improvements lead to_further degradation of low-frequency performance;
therefore, commercial application mufflers generally include no more than two
or three cascaded DTEC chambers. Nevertheless, a designer who is forced to
use a larger number of chambers by the needs of a specific application may
recover low-frequency performance through the use of other types of elements,
as discussed in the next section.

9.5 REVIEW OF PERFORATED-ELEMENT MUFFLERS

Perforated-clement silencers have long been known to be acoustically more
efficient than the corresponding simple tubular-element silencers. However, a sys-
tematic aeroacoustical analysis of perforated elements began only in late 1970s,
when Sullivan introduced his segmentation model.'®-2° This was followed by
the distributed-parameter model of Munjal et al.,, which produced experimentally
verified four-pole parameters for perforated elements, namely, concentric-tube
resonators (Fig. 9.11a), plug chambers (Fig. 9.118), and three-duct cross-flow
(Fig. 9.11¢) and reverse-flow chambers.®%21-23,

This section conducts a parametric study on some perforated-element mufflers
to identify representative trends and to develop basic design guidelines.”> Again,
TL, has been selected as an approprate performance index. Explicit expressions
for the impedance and the transfer matrix parameters of perforated muffier ele-
ments in terms of the geometric and operating variables and formulas for TL and
IL are given in Chapter 3 of reference 8.

Range of Variables

Perforated-tube mufflers share several parameters with the expansion chamber
mufflers discussed earlier, but they also include additional parameters accounting
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FIGURE 9.11 Schematic of the two-chamber configurations of three types of per-
forated-tube mufflers: (a) Concentric-tube resonator; (b) plug muffler; (¢) three-duct
cross-flow muffler.

for the additional features of the perforated tubes. Thus, the physical parame-
ters influencing the performance of the Fig. 9.11 perforated muffiers include the
following:
M = mean-flow Mach number in exhaust pipe
I = total length of muffler shell
D = internal diameter of muffler shell
d == internal diameter of exhaust pipe and tail pipe
dy = diameter of perforated holes (Fig. 9.12)
C = center-to-center distance between consecutive holes (Fig. 9.12)
N, = number of chambers within fixed-length muffler shell
ty = wall thickness of perforated tube

Another parameter, often used instead of explicit values of dj, or C, is the
porosity (or open-area ratio) of the perforated-tube wall, which is defined by

2

o o= n_d}i

4c2

Extensive simulations conducted for représentative configurations encountered
in most practical applications showed that the performance of perforated-tube

(9.26)
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FIGURE 9.12 Parameters d;, and C of perforated-tube walls.

mufflers is relatively insensitive (within =1 dB) to the hole diameter dj, and wall
thickness t,,. For this reason, all of the following predictions have been conducted
at the typically encountered values of dy = 4 mm and £, = 1 mm,.

Furthermore, to reduce the simulations to a manageable number, the pipe
diameter was fixed to a commonly encountered value of 4 = 30 mm for all cases
considered in this section. This constraint does not influence the corresponding
predicted TL curves, because they are invariant with respect to the specific vatue
of d when plotted against the nondimensional frequency parameter kR (R = /2
is the shell radius and £ = w/c).

Despite the simplification resulting from the fixed values of d, d;,, and 1,
the number of perforated-tube muffler configurations is still too large for a com-
prehensive study. Under the circumstances, the influence of each parameter on
muffier performance is demonstrated by selecting a reference (default) configura-
tion and then by changing individual parameters (one at a time) about the default
values. Table 9.2 shows the range of parameter values investigated including the
default values (last column).

The TL was calculated as a function of the dimensionless frequency AR to
extend the validity of the predictions over all geometrically similar hardware,
that is, mufflers differing only by a length scale. The nondimensional frequency
parameter kR was varied m steps of 0.025 from 0.025 to 3, which is well

TABLE 9.2 Parameter Values Used in Perforated Tube Muffler Performance
Predictions

Parameter Name Description Range Default
M Mach number 0.05, 0.1, 0.15, 0.2 0.15
D/d Expansion ratio 2 3,4 3
Cldy Center-to-center distance 4,56 4
N, Number of chambers 1 2,3 2
Ly/L Chamber size 1, % % 5
Ljd Muffler length~pipe diameter 15, 20, 25 20
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within the plane-wave cutoff limit of 3.83 for the axisymmetric mafflers of

Figs. 9.11a,b. By comparison, the cutoff limit of kR for the asymmetric con-
figuration of Fig. 9.11c is 1.84.

Acoustical Performance

Figures 9.13-9.17 show the computed TL for the Fig. 9.11 mufflers as a func-
tion of the normalized frequency kR. The three plots (4, b, and c) in each
figure display the TL of a concentric-tube resonator muffler, plug muffler, and
“three-duct cross-flow muffler, respectively, and the different traces within each

plot correspond to different combinations of muffler parameter values listed in
Table 9.2.

100 T ; T

TL (dB)

TL (dB)

(b}

FIGURE 9.13 Effect three of mean flow Mach number on TL of (a) CIR, (b) plug

muffler, and (c) duct muffler: (—) M = 0.05; (- - -} M =0.1; (.. ) M =0.15; ()
M =02,
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FIGURE 9,13 (continued)

Figure 9.13 shows the effect of the mean-flow Mach number on the acoustical
performance of three perforated-element muffler designs, These predictions show
a general increase in TL when the mean-flow Mach number increases. The effect
is minimum for the concentric-tube resonator {CTR) and maximum for the plug
muffler; this is not surprising given that (because of their intrinsic geometric
features) the former and latter configurations present the minimum and maximum
“blockages,” respectively, to the mean flow through the muffler.

Clearly, the choice of the Mach number is not in the desigoer’s control, as
it 18 determined by the engine displacement, speed, and exhaust pipe diameter.
Nevertheless, the designer may combine the information in Fig. 9.13 with back-
pressure information (discussed m the next section) in the selection of a muffler
design appropriate for the specific application.

The effect of the expansion ratio, or the diameter ratio D/d, 1s illustrated in
Fig. 9.14. The TL of all three perforated-element mufflers improves considerably
with higher diameter ratio.

In most practical applications, the shell diameter D is directly related to muffler
volame, weight, and cost and influences the choice of the expansion ratio D/d
and the type of muffler. The. alternate troughs in the TL curves are higher for a
plug muffler (Fig. 9.1456) than for the other two designs; therefore, when space
is constrained, the plug muffier typically offers a lugher acoustical performance.
Unfortunately, it also leads to a typically higher back pressure, as discussed later.
As a result, the final choice is usually based on a trade-off between acoustical
and mechanical performance.

The effect of the center-to-center spacing between consecutive holes (which
determines the porosity) on the TL of the mufflers is fllustrated in Fig. 9.15. As
can be seen, the performance of all perforated mufflers tends to that of the stm-
ple expansion chamber muffler for sufficiently high values of porosity (¢ > 0.1)
but is considerably better for lower values of porosity, particularly for the plug
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FIGURE 9.14 Effect of expansion ratio on TL of (@) CTR, (b) plug muffler, and
{(c) three-duct muffler: (—) Dfd =2;(---)D/d =3;(...) D/d =4.
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muffler and the three duct muffler configurations. On the other hand, a reduced
porosity raises back pressure, except for the CTR, where the back pressure is
nearly independent of porosity, as demonstrated later in this section. Conse-
quently, the porosity provides another parameter that can be used to trade off
between.acoustical and mechanical performance.

Another, and perhaps more meaningful, parameter often used instead of the
porosity is the open area ratio x, defined as

total area of perfo}atians
X = - - 9.27)
cross-sectional area of pipe

100 T T T T
i | ] ,: [ — =30y,
90 [-— ==~ S Bt ot el by RPN
y €= B
80 b~ | SEVRRIPUNY IO ST O SR /]
T e
o IR SR S A R
60 fom o L...__..‘wl_._.._‘_lj__.'\__l.__.l;_l..__w_
o i ! {f..};w.;;i—\ f
T 50kemm— LU VPR AT Y I T -
< 50 e s ey e
! b o L
- i+
! i}TJ
-+
[ ——
i I
Y

b

FIGURE 9.15 Effect of center-to-center distance between consecutive holes on TL of
(@) CTR, (b) plug muffler, and (c) three-duct muffler: (—) C = 3dy; (- - - ) C =44y,
(...} C=5dy; (~--) C = 6dp.
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FIGURE 9.15 (continued)

The denominator refers to the inlet/outlet pipe cross section that accommodates
the entire mean flow. For example, the CTR (Fig. 9.154) and three-duct muffler
(Fig. 9.15¢), may be described in terms of either the porosity associated with
the indicated C = 3dy, 4dy, 5dy, 6d;, or in terms of the corresponding open-area
ratio values of 3.49, 1.78, 1.25, and 0.87, respectively. The corresponding values
of x for the plug muffler (Fig 9.155) are half as much.

The plot in Fig. 9.16 shows the effect of multiple equal partitioning of a
muffler of overall length / on the TL. The normalized frequency spaciog between
the consecutive troughs is proportional to the number of partitions and, as in the
case of the simple expansion chamber mufflers, the troughs occur at frequencies
given by

sinklyp =0 klyp=nn n=1,2,3... 9.28)

In general, the partitioning improves the TL of all three mufflers, except at
the low-frequency end of the CTR curves, where the TL decreases. An increased
number of partitions N, would be particularly desirable for a CTR, where an
increase in partitions would not increase the back pressure. However, the back
pressure will be proportional to the cube of the number of chambers for the
other two types of mufflers. Therefors, increased partitioning must be closely
considered with an increased porosity to optimize acoustical performance while
maintaining the back pressure within acceptable levels.

Figure 9.17 illustrates the effect of unequal partitioning of a muffler of overall
length 7 on the TL by comparing the results of an equally and an unequally par-
tittoned muffler for each of the three designs. One can observe that uneqnal
partitioning (a) has no significant impact on the envelope of the TL peaks,
(b) influences significantly the location of individual peaks and troughs, and
(c) raises noticeably the level of each alternate trough. On average, the addit;i{)nal
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FIGURE 9.16 Effect of number of chambers within the same overall length on TL of
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tuning enabled by the unequal partitioning will enhance the overall acoustical
performance of muffiers.

Back Pressure

"The static pressure drop resulting from energy dissipation in sheared flow regions
of the muffier elements results in a substantial back pressure on the piston of
a reciprocating engine. This generally has an adverse effect on the volumetric
efficiency, power, and specific fuel consumption of a multicylinder engine.

A systematic experimental study was undertaken® to derive empirical expres-
sions for pressure drop or head loss across all the three types of perforated-
element chambers of Fig. 9.11. The results were expressed as a coefficient that
normalized the pressure drop with respect to the incoming dynamic head in the
pipe, namely,

Ap

}’EH

H=1LpU? (5.29)
The parameter y was dependent on the open-area ratio x of the perforate
defined by Eq. (9.27), and its value was determined to vary as follows:

~

Concentric-tube resonator:
Yor = 0.06x 06 <x (9.30)
Plug muffler:
Ypm = 5.6¢705% 167.3¢730% 025 < x < 1.4 (9.31)
Three-duct cross-flow chamber:
Voto = 4.2¢ 709 116772 04 <x < 5.8 (9.32)

During the measurements of the parameter y,” the desired variation in the
open-area ratio x was achieved by varying the length I, (see Fig. 9.11). The
measured y [Eqgs. (9.30)-(9.32)] was found to be independent of the mean-
flow velocity U (for Mach number M < 0.2) and very weakly dependent on the
expansion ratio D/d and lengths /; and /5 for values of x in the range indicated
by Egs. (9.30)-(9.32). However, the expressions for y in these equations are
least-squares fits and therefore are not limited to the indicated range; they cover
the entire practical range (0.2 < x < 6.0).

The back-pressure coefficient v, for the expansion chamber mufflers of Sec-
tion 9.3 is analogously given by®

2
Yo = (1—m?+41~n) n= (w) (9.33)

DISSIPATIVE SILENCERS 311

Equations (9.30)—{9.32) show that the static pressure drop across a CTR,
which involves no net flow through the perforated-tube walls, is much smaller
than that across the corresponding plug muffler and the three-duct cross-flow
chamber. Similarly, Equations (9.30) and (9.33) indicate that the pressure drop
across a CTR is less than that across a simple expansion chamber of identical
shell size and pipe diameter,

9.6 DISSIPATIVE SILENCERS

Dissipative silencers are the most widely used devices to attenuate the noise
in ducts through which gas flows and in which the broadband sound attenu-
ation must be achieved with a4 minimum of pressure drop across the silencer.
They are frequently used in the intake and exhaust ducts of gas turbines, air
conditioning and ventilation ducts connected to small and large industrial fans,
cooling-tower installations, and the ventilation and access openings of acous-
tical enclosures, and they have an allowed pressure drop that typically ranges
from 125 to 1500 Pa (0.5-6 in, H,O). Unlike reactive silencers, which mostly
reflect the incident sound wave toward the source, dissipativc silencers atten-
uate sound by converting the acoustical energy propagating in the passages
into heat caused by friction in the voids between the oscillating gas particles
and the fibrous or porous sound-absorbing materials, as described in detail in
Chapter 8.

The theories of dissipative silencers were developed long ago,’>71~™ and they
are highly complex. This chapter provides design information in a form that can
be readily used by engineers not thoroughly trained in acoustics. Though there
are a large variety of geometries used, the most comimon configurations include
paraliel-baffle silencers, round silencers, and lined ducts.

Lined Ducts

The sound attenuation of lined and unlined ducts and lined and unlined bends
are treated in Chapter 16. The geometry of frequently used dissipative silencers
is shown schematically in Fig. 9.18. i
Figure 9.19 shows some of the baffle constructions that have been used
in typical applications. Only the acoustically significant features are shown.
Protective treatments such as perforated facing, fiberglass cloth, and porous
screens are omitted. If the same concepts depicted in Figs. 9.19a—7 are applied
as a duct lining, one-half of the baffles depicted in Fig. 9.19 constitutes' the
lining. ’
Figure 9.19 illustrates the cross sections of frequently used silencer baffle
configurations. '
The full-depth porous baffle depicted in Fig. 9.19a is the most; frequently
used in parallel-baffle silencers. The other baffle configurations are used in
special-purpose silencers custom deigned to yield high attenuation in specific
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FIGURE 9.18 Geometry of frequently used silencer types: (a) parallel baifle; (b) round;
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frequency ranges or to work in hostile environments of contaminated flow or
high temperatures. "

Key Performance Parameters

The key design parameters of silencers are acoustical insertion loss (IL), pressure
drop {Ap), flow-generated noise, size cost, and life expectancy. The challenge
of silencer design is to obtain the needed 1L without exceeding the allowable
pressure drop and size for a munimum of cost. These are frequently opposing
requitements, and the optimal design represents a balance compromise between
them.

Insertion Loss. The IL of a silencer is defined as
IL = 10log — (9.34)

where Wy and Wy, represent the sound power 1 the duct without and with the
silencer, respectively. Provided that structure-borne flanking along the muffler
casing and sound radiation from the casing is kept low, the sound power in the
duct with the silencer in place is given by

Wy = Wy x 10~ (aLrkALeer+ALe0)/10 + Wsg . (9.35)

where W is in watts (N-m/s); AL, represents the attenuation of the silencer of
length I; ALgyr and ALgpx are the entrance and exit losses, respectively; and
Wse is the sound power generated by the flow exiting the silencer.

Combining Egs. (9.34) and (9.353) yields

WSG AL AL+ AL/ 10
IL = —10log | == + 107 (At Atmrtaie ©:36)
o

In the extreme case of very high silencer attenuation, the second term on the
right-hand side of Eq. (9.36) becomes comparable to the first, and the achiev-
able IL is affected by the self-generated noise of the silencer, and in this case
Eq. (9.36) is nonlinear. When the flow velocity in the silencer passages is suf-
ficiently low, flow noise is negligible. In this case, Eq. (9.36) is linear and
simplifies to

IL = AL + ALgny + ALgxy  dB 9.37)

Entrance Loss ALgny. In most dissipative silencers, the entrance losses ALgnt
are small if the incident sound energy is in the form of a plane wave normally
incident on the silencer entrance. This is always the case for straight ducts at
low frequencies. The small entrance loss should be considered as a safety: factor.
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. -
However, if the cross dimensions of the duct are much larger than the wave-
lexigth, the incident sound field usually contains a very large number of higher
order modes. The conversion of the semidiffuse sound field in the entrance duct
into a plane-wave field in the narrow silencer passages typically results in an
entrance loss of 3-6 dB. The engineer can also assign any entrance loss between
0 dB at low frequencies and up to 8 dB at high frequencies on the basis of
prior experience with similar situations or on the basis of scale model measure-

ments. If no such information is available, Fig. 9.20 can be used to estimate the
entrance loss.

Exit Loss AlLpx. Most exit losses ALgpx are generated when the silencer is
located at the open end of a duct and the typical cross dimensions of the opening
are small compared with the waveleagth. In this case, the exit loss is predomi-
nantly determined by the end reflection. Exit losses for silencers inserted in ducts
are usually small and can either be neglected or considered as part of the safety
margin.

It shouid be noted that the relative importance of the entrance and exit losses
diminishes as the silencer length increases because both quantities are indepen-
dent of this length. Figure 9.21 shows qualitatively a typical sound pressure
level versus distance recorded by a microphone traveling through the silencer
and indicates the three components of IL.

Silencer Attenuation AL;. The silencer attenuation AL, is proportional to its
length (tail and nose of baffle not included) and to the lined perimeter of the
passage, P, and inversely proportional to the cross-sectional area of the passage,
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FIGURE 9.20 Acoustical entrance loss coefficient, ALgnr, of silencers in a large duct
with a semireverberant sound field in the entrance duct: 2k = silencer passage cross
dimension.
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FIGURE 9.21 Typical SPL-versus-distance curve obtained when microphone traverses
through a silencer.

A. It can be expressed as

ALy = (%) IL, (9.38)

where L, is the parameter that depends in a complex manner on the
geometry of the passage and the baffle, acoustical characteristics of the porous
sound-absorbing material filling the baffles, frequency, and temperature. The
quantity L, which also depends on the velocity of the flow in the passage,
is usually referred to as the attenunation per channel height. The major part of
this section is devoted to the determination of this important normahzed sound
attenuation parameter.

Pressure Drop Ap. The total pressure drop Apy across a mufﬁer is made up
of entrance, exit, and friction losses:

»

Apr = 1/2pv} liKENT + Kpx + (Z) lKF] = Apent + Appx + Apr  N/m?
(9.39)

where p is the density of the gas and vp its face velocity in the passage of the

silencer. The constants Kgnr and Kgx are the entrance and exit head loss coef-

ficients, which depend only on the geometry of the baffle/passage configuration.
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The third term on the right-hand side of Eq. (9.39) represents the friction losses,
given by -

P
App = XZ(KF%;JU%) N/m? (9.40)

Comparing Eq. (9.38) with Eq. (9.40), one notes that baffle configurations that
tend to yield high acoustical attenuation AL, also tend to yield high frictional
pressure losses App. Both AL, and Apr are proportional to (P/A), indicating
that high silencer attenuation and low frictional pressure drop are contradictory
requirements. This finding emphasizes the need to optimize L, by beneficial
choice of the acoustical parameters of the baffles before one resorts to obtaining
increased sound attenuation by increasing the factor (P/A).

Parallel-Baffle Silencers

The parallel-baffle-type silencer shown in Fig. 9.18a is the most frequently used
because of its good acoustical performance and low cost. The attenuation of such
a silencer is proportional to the perimeter~area ratio P/A, the length [, and L.
Therefore, it is maximized by maximizing (P/A)L,. The largest perimeter—area
ratio obtained for narrow passages is 1/4. Allowing for entrance losses, Eq. (9.38)
yields the following simple formula for silencer attenuation:

1
ALy = L&—}; + ALpyr dB 9.41)

where AlLgyy can be approximated from Fig. 9.20. The following discussion
shows how to obtain L, from the geometric and acoustical parameters of the
silencer.

Prediction of Attenuation. The sound energy traveling in the passages of a
parallel-baffle silencer, depicted in Fig. 9.19, is attenuated effectively in a wide
bandwidth if (1) the sound enters the porous sound-absorbing material in the baf-
fles and (2) a substantial part of the energy of the sound wave entering the baffle
is dissipated before it can reenter the passage. Formulas for wall impedance that
yield maximum attenuation in a narrow-frequency band are given in reference 2.

Requirement 1 is fulfilled if the passage height is small compared with wave-
length (i.e., 24 < A) and the porous sound-absorbing material is open enough
and has sufficiently low flow resistivity so that the sound wave enters the baffle
rather than being reflected at the interface. This requires a “fluffy” material of
low flow resistivity. Requirement 2 is fulfilied by a porous material of moderate
flow resistivity. The requirements of easy sound penetration and high dissipation
are contradictory unless the baffle is very thick and is packed with porous sound-
absorbing material of low flow resistivity. Consequently, the choice of baffle
thickness and flow registivity of the porous sound-absorbing material is always
a compromise.
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Generally, the silencer geometry is controlled by the shape of the attenuation-
versus-frequency curve we aim to achieve, To provide reasonable attenuation at
the low end of the frequency spectrum, the baffle thickness 24 must be on the
order of one-eighth of the wavelength. To provide reasonable attenuation at the
high end of the frequency spectrum, the passage height 2% must be not much
larger than the wavelength. To allow reasonable penetration of the sound and
yield the needed dissipation, the total flow resistance R;d of a baffle of thickness
24 must be 2~6 times the characteristic impedance of the gas in the silencer
passages at design temperature.

Quantitative Considerations., The normalized attenuation constant L, is obta-
med by solving the coupled wave equation in the passage and in the porous
material of the baffie and requiring that (1) the coupled wave, which propagates
axially in both the passage and baffle, has a common propagation constant I, and
(2) both particle velocity and the sound pressure are continuous at the passage
baffle interface.

The coupled wave equation®”1~7* can be solved by numerical iteration meth-
ods to yield the common propagation constant I';. The normalized attenuation
L, 1s then obtained from

L, = 8.68h Re{l';] dB/m (9.42)

where ', depends on the characteristic impedance pc of the gas in the passage,
the characteristic impedance Z, and the propagation constant I", of the porous
material in the baffle, and the geometry.

The characteristic impedance Z, and the propagation constant ['; of the
porous sound-absorbing materials (which are complex quantities and vary with
frequency) are generally not available. As discussed in Chapter 8, one can approx-
1mate these important parameters with reasonable accuracy if the flow resistivity
of the porous sound-absorbing material R, is known. For fibrous sound-absorbing
materials the characteristic impedance Z, and propagation constant I", in the
bulk porous material can be estimated using the empirical formulas presented in
Chapter 8.

The most accurate characterization of the porous materials is achieved by
measuring the characteristic impedance and propagation constant on a sufficiently
large number of samples as a function of frequency at room temperature and
by scaling these data to design temperatore. Note that this attenvation, which
is computed on the basis of the acoustical parameters of the porous material
predicted from flow resistivity by employing the formulas given in Chapter 8,
compares very well with experimental data if the porous sound-absorbing material
is homogeneous.

Normalized Graphs to Predict Acoustical Performance of Parallel-Baffle
Silencers. The normalized attenuation L, has been computed for various per-
centages of open area of the silencer cross section (i.e., for various #/d) and
for various values of the normalized flow resistance R = R;d/pc of isotropic
porous sound-absorbing material in the baffles. It is presented in Figs. 9.22a~c¢
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for open-area ratios of 06, 50, and 33%, respectively. The effect of nonisotropic
material 1s covered in reference 72. The vertical axis in Fig 9.22 represents the
normalized attenuation L, in decibels on a logarithmic scale. The lower hori-
zontal scale represents the normalized frequency parameter n = 2A/c. It 1s valid
for all temperatures and gases provided that the speed of sound ¢ is taken at the
actual temperature. The upper horizontal scale, which is valid only for air at room
temperature, represents the product of the half-passage height /4 in centimeters
and the frequency f in kilohertz.

Figures 9.22a—c show that the attenuation starts to decrease rapidly above the
frequency where the passage height 22 becomes large compared to the wave-
length (i.e., n > 1). The attenuation in this frequency region can be increased by
up to 10 dB by utilizing a two-stage silencer with staggered-baffle arrangement.
Note that the bandwidth of appreciable attenuation increases with decreasing
percentage of open area of the silencer cross section.

Figure 9.22 shows that in the range of R = R;d/pc from 1 to 5, the atten-
uation does not depend strongly on the specific choice of the flow resistance;
this coincidence is welcome because the present lack of adequate knowledge of
and control over the material characteristics represents the weakest link in the
prediction process. Note that if the normalized flow resistance becomes too large
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FIGURE 9.22 Normalized attenuation-versus-frequency curves for parallel-baffle sil-
encers with normalized baffle flow resistance R = Rid/pc as parameter: (g} 66% open;
(b) 50% open; {¢) 33% open.
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(R = 10), a substantial decrease of attepuation occurs in the frequency region

from = 0.2 to 5 = 1 accompanied by a modest increase of attenuation at very
low and at high frequencies.

The normalized attenvation-versus-frequency curves presented in Figs. 9.22a-c¢

correépond to zero flow; corrections to account for flow are presented in a later
section.

The use of the design information presented in Figs. 9.22a—c is illustrated by
a few examples,

Example 9.5. Predict the attenuation-versus-frequency curve of a parallel-baffie
silencer consisting of 200-rum- (8-in.-) thick parallel baffles 1 m (40 in.) long
spaced 400 mm (16 .} off center when the flow resistance of the baffle Ryd =
5pe and the duct carries a very low velocity ar at 20°C; A= 0.1 m; d = 0.1 m;
L =1m;c=2340 m/s; p = 1.2 kg/m®; R = Ryd/pc = 5.

Solution

1. Determine frequency f*, which corresponds to n = 1:

. c 340 m/s
2h . 02m

2. Determine 1/4 =1 m/0.1 m = 10.

3. Determine the applicable normalized attenuation-versus-frequency curve
ford/h =1 and R = 5; the solid curve in Fig. 9.22b is applicable.

4. Mark the frequency f* = 1700 Hz on the horizontal scale of a sheet of
trangparent graph paper that has the same horizontal and vertlcal scales as
Fig. 9.22b and align it with n = 1 in Fig 9.22b.

5. Shift the transparent graph paper vertically until the mark L, =1 m
Fig. 9.22b corresponds to 10 (1/2 = 10) on the transparent overlay.

6. Copy the solid curve in Fig. 9.22) that corresponds to R = 5 on the overlay.

7. The copied curve then corresponds to the attenuation-versus-frequency

curve of the silencer according to AL, = L, (1/h); the above procedure is
sketched m Fig. 9.23.

== 1700 Hz

Example 9.6, Design a parallel-baffle silencer that yields the attenuation listed
below:

[, Hz 100 200 500 100G 2000 4000
AL, dB 4 9 19 26 10 5

Design Steps

1. Find the graph in Figs. 9.22a—c that best matches the shape of the desired
attenuation-versus-frequency curve plotted in Fig. 9.23. Overlay the trans-
parent paper of Fig. 9.23 on the curve that yields the best ruatch and
shift the transparent overiay horizontally and vertically until all of the
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FIGURE 9.23  Auenuation prediction for parallel-baffle silencer, Example 9.5.

desired attenuation-versus-frequency points fall below the chosen normal-
1zed attenuation-versus-frequency curve. In this case, the solid curve in
Fig. 9.22¢ gives the best match.

2. On the overlay, mark the frequency f* that corresponds to 7 = 1 on the

horizontal scale of the appropriate design curve under the overlay, and on
the vertical scale, mark the attennation AL*, which corresponds to Ly, = 1
on the design curve below the overlay, as shown in Fig. 9.24. In this case,
these will be f* = 2000 Hz and AL* = 10 dB.

3. From the design curve below the overlay, note the values of the parameters

d/h and R that correspond fo the curve that pr0v1des the best match. In
this case, these are d/h = 2 and R = Ryd/pc =

4. On the basis of the information obtained in steps 3 and 4, one obtains

the geometric and acoustical parameters of the silencer that will yield the
specified attenuation as follows:

o Passage height 2h:

N ] o=

2nf* V 340 m/s
1eld 2h = e = ), .
- yields 2000 51 Ol?m:

e Baffle thickness 24:
2d =22h) =2 x0.17Tm=034m

¢ Silencer length:

i
ALY =10 = vields I=AL* =10x 0; m=0.85 m
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FIGURE 9.24  Acoustical design of a parallel-baffle silencer, Example 9.6: (0) des1gn
requirements; (- - - - - - ) curve of matching attenuation versus frequency from Fig. 9.22¢.

o Flow resistance per unit thickness of porous material:

Rld B N S,OC = S
o =0 yelds o Ri=r =G

pe =294pc/m

or
Ry = 0.7pc/in. or Ry = 1.2 x 10* N . s/m*

Cross-Sectional Area. The cross-sectional area of the muffler is determined by
the maximum allowable pressure drop and self-generated noise as discussed later.

Effect of Temperature. The design temperature affects the acoustical and
aerodynamic performance of the silencers because the following key parame-
ters depend on the temperature: (1) speed of sound, (2) density of the gas, and
(3) viscosity. The effects of temperature are taken into account as follows:

2
o) = co| 2L s ©.43)
293
P A 0 ot 9.44
e(T) '00273—}-1“ .gm (9.44)
273 + T\ /2
R(T):Ro( 2; ) (9.45)

Where T is the design temperature in degrees Celsius, cg is the speed of sound,
po is the density of the gas (usvally air) at 20°C, and
Rio°Cyd

Ry = M 8 (9.46)
Poco
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where R{(20°C) is the flow resistivity of the porous bulk material at-20°C. This
material parameter is usually provided by the manufacturer or is measured.

Example 9.7. To illustrate how to account for the effect of temperature, let us

predict the attenuation prowded by the silencer of Example 9.5 at T = 260°C
(500°F).

Solution The effect of temperature must be accounted for in the flow resistivity
and in the speed of sound according to Egs. (9.45) and (9.43), yielding ¢(T') =
457 m/s and R(T") == 10. From now on, the solution proceeds according to the
same steps followed in Example 9.5.

1. f*==c(T)/2h = (457 nv/s)/0.2 m = 2285 Hz;l/h = (1 m/0.1 m) = 10.
2. The applicable normalized attenuation curve that corresponds to d/h =1
and R = 10 is the short/long-dashed curve in Fig. 9.22b.

This results in the attenuation-versus-frequency curve shown as the solid line
in Fig. 9.25. The dashed curve in Fig. 9.25 is the attenuation of the same silencer
at room temperature (20°C), as determined in Example 9.5.

Comniparing the solid curve obtamed for 260°C with the dashed curve obtained
for 20°C, one potes a shift in the attenuation-versus-frequency curve toward
higher frequencies with increasing temperature. This shift is mainly due to the
increase of propagation speed of sound with increasing temperature. In addition,
one also observes distortion in the shape of the attenuation-versus-frequency
curve. This is caused by the increase in the flow resistivity of the porous material,
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FIGURE 9.25 Attenuation of silencer of Example 9.5 at 260°C (500°F), Example 9.7.
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which in turn is due to the increasing viscosity with increasing temperature. This
effect has also been predicted by Mechel.”

Baffle Thickness CGonsiderations. A particular percentage of open area of a
silencer can be accomplished either by a small number of thick baffles or by a
large number of thin baffles. Figure 9.26 shows the attenuation-versus-frequency
curves computed for a 2-m- (6.5-ft-) long silencer of 50% open area with baf-
fle thickness 2d = 24 of 152 mm (5 in.), 203 mm (8 in.), 254 mm (10 in.), and
305 mm (12 in.). The baffles are filled with a fibrous sound-absorbing material
that has a flow resistivity Ry == 51,500 N - s/m?* at 500°C (1pcfin. at 20°C).
The outstanding feature of the data presented in Fig. 9.26 is that in the midfre-
quency region, the sound attenuation decreases with increasing baffle thickness.
At 500 Hz, the 152-mm- (6-in.-} thick baffles yield 25 dB attenuation while the
305-mm- (12-in.) thick baffies yield only 11 dB. This is because the sound does
not fully penetrate into the fibrous sound-absorbing material in the thick baffles.
Consequently, the material and the space i the center of the thick baffles are
wasted. \ :

Figure 9.27 shows the predicted sound aitenuation of a silencer of the same
geometry as that in Fig. 9:26, but the baffies in this case are filled with fibrous
sound-absorbing material of low flow resistivity such that the total normalized
flow resistance of each baffle was R = R;d/pc = 2, which allows full penetration
of the sound into even the thickest baffle. Consequently, the sound attenuation at
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FIGURE 9.26 Computed attenuation-versus-frequency curves for a 2-m- (6.6-ft-) long
patallel-baffle silencer of 50% open area with baffle thickness 24 as parameter.
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F.IGURE 9.27 Computed attenuation-versus-frequency curves of the same silencer as
Fig. 9.26 but fibrous fill is chosen to yield B = Ryd /oc =2 for all baffle thicknesses.

low and midfrequencies depends only slightly on the baffle thickness. Comparing
Figs. 9.26 and 9.27 reveals that using a few thick baffles (which is more eco-
nomical than using many thinner baffles) results in decreased sound attenuvation
at midfrequencies unless the baffles are filled with a sound-absorbing material of
low enough resistivity so that the normalized baffle flow resistance at design tem-
perature, R = Rid/pe, is much less than 10. Fibrous sound-absorbing materials
that fulfill this requirement for thick baffles used in elevated temperatures may
not be readily available. Consequently, silencer baffles of traditional design in
high-temperature applications should be kept at a thickness that seldom exceeds
2d = 200 mm (8 in.).

- Note that the attenuation-versus-frequency curve of parallel-baffle silencers
increases monotonically up to a frequency f = ¢/2d, where the passage width
corresponds to a wavelength, and decreases sharply above it.

Round Silencers

Round silencers, as depicted in Fig. 9.18b, are used in connection with round
ducts. The curvature of the duct casing results in a high form stiffness that
yields Vhigh sound transmission loss of the silencer wall at low frequencies. The
acoqstical petformance of round silencers with respect to normalized: attenuation
Ly 1s very similar to that of parallel-baffle silencers. The diameter of the round
passage, 24, and the thickness of the homogeneous isotropic lining, d, resemble
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the passage width 2% and the half-baffle thickness d of a parallel-baffle silencer.
The silencer attenuation AL™{{) of a round muffler of length [ is obtained from

fh/kHz.con —a
10 I2 5 1 2 5 10 _20 50

T

LN BN S S

L gls
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y T
AL = L;é ‘ (9.47)

The sound attenuation 1 round ducts has been studied by Scott’! and Mechel.™
Their work forms the theoretical foundations for computing their performance.

Figure 9.28 shows curves of normalized attenuation L} versus normalized
frequency 5 = 2hf/c for round silencers with homogeneous isotropic lining for
thickness—passage radius ratios d/h of 0.5, 1, and 2, respectively, with the nor-
malized lining flow resistance R = R;d/pc as parameter. The lower horizontal
scale is valid for all temperatures, while the upper scale 13 valid only for air at
room temperature. Pigure 9.28 shows that the normalized attenuation increases
monotonically with frequency until the wavelength corresponds to the diameter
of the passage (n = 2hf/c = 2h/X = 1). Above this frequency the attenuation
decreases rapidly with increasing frequency, as was the case for parallel-baffle
silencers. Note that the maximum normalized attenuation is about Ly, .-~ 6 dB
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FIGURE 928 Curves of normalized attenuation L}, versus frequency for round silencers

with normalized lining flow resistance R = Ryd/pc as parameter: (a) d/h = 0.5
(b) d/h =1 (C) d/h = 2.

FIGURE 928 (continued)
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for round silencers compared to L}, .. ~43 dB for parallel-baffle silencers. This
is because a round passage has twice as'high perimeter—area ratio (2/ %) than a
narrow passage of a parallel-baffle silencer (1/h). As expected, the attenuation
bandwidth increases toward low frequencies with increasing lining thickness d.
The curves presented in Fig. 9.28.are used in the same way as the correspond-
g curves for parallel-baffle silencers by applying the design steps listed earlier

in the Examples 9.5 and 9.7. Incidentally, similar curves and trends have been
predicted by Mechel.”

Pod Silencers

Round silencers have a generic disadvantage of providing poor high-frequency
performance when the passage diameter is large compared with the wavelength.
This disadvantage can be overcome by inserting a-center body or pod into the
passage®. With the center body in place, the round silencer has a narrow annular
passage, just like a parallel-baffle silencer, and the attenuation will continue
to increase monotonically until the wavelength of the sound becomes equal
to the width of the narrow annular passage, as iflustrated in the example of
Fig. 9.29. Both the rigid and absorbing center bodies result in a modest increase
in attenuation at low and midfrequencies, which is mostly due to reduction of the
passage cross-sectional area. The attennation of this silencer without center body
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FIGURE 9.29 Effect of center body on the attenuation-versus-frequency curve of a
round silencer, passage diameter 2k = 0.6 m (24 in.), center body diameter D; = 0.3 m
(12 in.), lining thickness d = 0.2 m (8 in.), length / = 1.2 m (48 in.), T = 20°C (68°F),
By = 16,000 N - /m* (Lochin.): A, no center body; B, rigid center body; C, absorbing
center body.
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decreases sharply above 560 Hz, the frequency where the wavelength equals the
diameter of the passage. With the rigid center body the attenuation continues to
increase up to 1130 Hz and with the porous center body up to 2260 Hz.

If center bodies are impractical, the high-frequency attenuation of round silenc-
ers can also be increased by inserting parallel baffles into the round passage. Sim-
ilarly, the high-frequency dttenuation of silencers with rectangular cross section
can be increased by inserting parallel baftles (oriented perpendicular to the plane
of the thick, low-frequency liner, or side branches on the sidewalls) into the rect-
angular passage. As described in detail by Kurze and Ver”’, the inserted parallel
baffles also increase the low-~frequency attenuation by a beneficial interaction with
the low-frequency part of the silencer located at the walls. The mechanism of this
interaction is that the reduction of the wave speed owing to the structure factor
of the parallel baffles increases the attenuation performance of the low-frequency
liner on the sidewalls. Similarly, the structure factor of the low-frequency liner
on the sidewalls increases the attenuation of the parallel baffles. Consequently,
the beneficial interaction results in increased sound attenuation at both low and
high frequencies. This type of insesrt silencer also has the benefit of requiring
substantially less total silencer length than the traditional serics combination of
a low- and high-frequency silencer section,

Effect of Flow on Silencer Attenuation

The flow affects the attenuation of sound in silencers in three ways:

1. It changes slightly the effective propagation speed of the sound.

2. By creating a velocity gradient near the passage boundartes, it refracts the
sound propagating in the passage toward the lining if the propagation is in
the flow direction (exhaust silencers) and “focuses” the sound toward the
middle of the passage if the propagation is opposite to the flow direction
(intake silencers).

3. It increases the effective flow resistance of the bafile.

Figure 9.30a shows the effect of flow on the attenuation performance of an
exhaust silencer when the flow direction coincides with the direction of sound
propagation. Note that the attenuation is decreased at low frequencies and is
increased slightly at high frequencies. In most cases, a Mach number M > 0.1
is not permissible because of material deterioration or self-noise. ‘

Figure 9.30b shows what happens when the sound propagates against the flow.
In this case the attenuation at low frequencies increases because it takes the
sound a longer time to traverse through the muffler passage. The high-frequency
attenuation decreases because the velocity gradients in the passage “channel” the
sound toward the center of the passage. The effect of flow on attenuation can
be approximated by appropriate shift of the attenuation-versus-frequency curve
obtained without flow (M = 0). '

The attenuation in the presence of flow is obtained by shifting the no-flow
(M = 0) attenuation curve as illustrated in Fig. 9.31a when the direction of sound
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propagation and the gas flow are the same and in Fig. 9310 when they are
opposite.

Figure 9.32 shows the attenuation-versus-frequency curve of a silencer with
M = 0.15 flow in the direction of sound propagation. The values represented by
the crosses are those directly computed for M = +0.15 (dotted line in Fig. 9.30q)
and those represented by the open circles were obtained by shifting the M =0
cutve in Fig. 9.30a according to the guidelines discussed in conjunction with
Fig. 9.31 The agreement between the curve obtained by shifting and by compu-
tations (which takes into account flow effects in the wave equation) is good.

The empirical flow correction procedure illustrated in Fig. 9.31 is based on
experience with parallel-baffle silencers. We have no experience at present to
gauge its applicability and accuracy for other silencer geometries.

Flow-Generated Noise

At present there is no umiversally accepted method for predicting the
flow-generated noise of silencers. Information provided by silencer manufacturers
shall be used wherever available. The empirical predictive scheme presented here
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is based on a broad range of experimental data on flow-generated noise of duct
silencers and is reproduced from ISO 14163:1998(E).”8

An estimate for the octave-band sound power level of regenerated sound can
be obtained from Eq. (9.48):

PcSn
(i

¢ \2 £5\?
1+(2fH) 10 1g H“(v) (9.48)
where B = a value depending on type of silencer and frequency, dB
= flow velocity in narrowest cross section of silencer, m/s
= speed of sound in medinm, m/s
== Mach number (Ma = v/c)
static pressure in duct, Pa
= area of narrowest cross section of passage, m>
== mumber of passages
octave-band center frequency, Hz
H = maximum dimension of duct perpendicular to baffles, m
8 = length scale characterizing high-frequency spectral content of
regenerated noise, m
Wop=1W=1N-m/s

Ly oet = B+ [10 lg +601gMa+ 10 1Ig

i

Sy 3 M’Ungnc
I

DISSIPATIVE SILENCERS 333

80 ‘\\\; : a:ltxn T T T 7T TTTT T R SO S T W
RERI [ NN [
IR [T v=5 /s
-0 ;‘ ~1~.4 {|EH:_ | § RN —— =10 m/s
e e £t e b S o B St = e S R 1
oo Pegin N Y v=20 m/s
oIy T F T T
Pl BT, b b [ R
B0 b g 3= o bbb b = B e el e b o e o oo — e e
SRR [ R [
IS E tooLo TG [N
i T 11 dhtl i [ B B A B R Rl Por bt
50 -~——1———!—-$N<?l:-i-l-&L—-—-—-J-——I—A—L—L-H-Ji-uw-‘%.——k—t-hhbu
R R P b NN EER
[} [ B SN [ A RN RN
1340 { _} BRI ‘:IL EEEE [ l*billl
S5 e d U T S N Y I J
g N~ 1T i i o it TR
F f i i § I M I [ NN
sol b MR LT
RN N S B X 5 5§ NOROINY SO0 O SO 6 I 0SSO IO B I R0 )
A ) i ssu\ R
b i ISR
i fr | 13
20 [ K JI\"*_\IIH!
T T T [l ks St N T
Poob oLt i N
[ RN i oo TN
10 I EERE Voo
e R s B i o PPN T e
Ut | IR
, [ | IR
- [ AR | Pt
10! 102 108 104

f,Hz

FIGURE 9.33 Octave-band sound power level Ly o of regenerated sound versus fre-
quency f for air under ambient conditions in a ducted silencer with narrowest cross section
§ = 0.5 m?, maximum transverse dimension H = 1 m, and different flow velocities v.

The sound power level of regenerated sound will vary with the tempera-
ture T approximately with —25 1g(T'/ 7y) decibels. For smooth-walled dissipative
splitter silencers used in heating, ventilation, and air-conditioning equipment, an
approximation is given by B = 58 and & = 0.02 m. For this case, a graph of
Eq. (9.48) is shown in Fig. 9.33, and the A-weighted sound power level of a
duct cross section of 1 m? is then calculated from

Ly = (_23 +671g B’—D aB (9.49)
4]

where v = 1 m/s. For other types of silencers, particularly for resonator silencers,
B may be larger in certain frequency bands. However, no general information
can be given on the Value,s of B and §.

Prediction of Silencer Pressure Drop

The maximum permissible pressure drop at design flow rates and at design. tem-
peratures, together with the flow-generated noise, determines the cross-sectional
dimensions of a silencer. It is important that the silencer designer makes good use
of all the available pressure drop, though with an adequate factor of safety. The
maximum permissible pressure drop Apnpac must be carefully allocated among
the pressure drop of transition ducts (Apuas) and the total pressure drop of the
silencer, Apiot

APmax > Fs(APyans + Aper)  N/m? (9.50)
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The specific choice of the safety factor (F; > 1) is influenced by the degree
of inhomogeneity of the inflow and by guaranty obligations regarding pressure
drop performance of the silencef system. The silencer system usually includes
the transition ducts both upstream and downstream of the silencer.

Detailed information on how to predict the pressure drop of inlet and exit
transitions has been compiled by Idel’chik.” The silencer pressure ‘Josses are
expressed as a product of the dynamic head in the muffier passage, 0.5 pvﬁ, and
a loss coefficient. The terms Kgnt, Kr, and Kpy represent the entrance, friction,
and exit loss coefficients, They are predicted according to the formulas given in
Table 9.3 -

The required silencer face area is determined by an iteration process. First,
Eq. (9.39) is solved for the passage velocity v,. The initial face area A% is

obtained as 0 /100
L [t 2 9.51
sy =2 (P 2 A) m ©.51)

TABLE 9.3 Pressure Loss Coefficient for Parallel Baffle Silencers

Geometry C Loss Coefficient
0.5
Square-edge nose 5 Kent = 1:%7/3
—v, 12h
2d
Rounded nose 5d Keng 0.05
—V, |2h 14 n/d
2d
Typical perforated metal facing Kr >~ 0.0125
£ = baffle length, tail and nose not included
el Lt
C i [ ™ :
2h
Square tail 1 2
-20‘ P
v, Tan Kex (H—h/d)
Rounded tail 1 2
2d —
Ty, Pk K“”O‘7(1+h/d)

Faired tail, 7.5°
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where @ is the volume fiow rate through the silencer (in cubic meters per second)
v, is the passage velocity (in meters per second), and POA is the percentage of
open area of the silencer cross section {e.g., for parallel-baffle muflers POA = 50
means that 2/d = 1; the passage height is the same as the baffle thickness). Based
on this tnitial value of Ap = A%, the pressure loss of the inlet and exit transitions
is calculated and added to the muffler pressure drop. The total Fy{APuyas -+
Apy) is compared with maximum permissible pressure drop App.y according to
Eq. (9.50). If Fi(APuas + Apr) > Apmax, the face area of the silencer must be
increased. This results in a decrease of Apy and a relatively smaller increase in
APreans, and the teration is continued until the mequality, expressed in Eq. (9.50),
15 satisfied.

Economic Considerations

~"For large silencers such as used in electric power plants, the product of the

pressure drop and volume flow rate, QAp, represents a substantial power that
is lost (converted to heat). The cost to produce this power during the entire
design life of the installation usually far exceeds the purchase cost of the silencer.
Therefore, it 1s important to specify a silencer pressure drop that yields the lowest
total cost. The total cost includes the present worth of revenue requirements to
purchase and install the silencer (which decreases with increasing pressure drop
allowance) and the present worth of revenue requirements of the energy cost
caused by operating the silencer (which increases with increasing pressure drop
allowance). The optimal pressure drop is that which yields the lowest total cost.
Information on how to predict the optimal silencer pressure drop is given in
reference 80.

9.7 COMBINATION MUFFLERS

It is clear from Sections 9.1-9.3 that the TL of reactive mufflers is generally

characterized by several troughs that limit the overall value of TL notwithstand-
ing the peaks, owing to the arithmetic of antilog summation. The acoustically
lined ducts and parallel-baffle mufflers (or splitter silencers) do not suffer from
this characteristic; they are characterized by a wide-band TL curve. However,
they have rather poor performance (attenuation) at low frequencies where the
reactive mufflers have a relative edge. One way out of these limitations is to
combine reflective or reactive elements and dissipative elements into a com-
bination muffler {or hybrid muffler). An acoustically lined plenum chamber is
one obvious example of a combination muffler. Figures 9.34-9.37 illustrate the
concept and present some design guidelines in the process.®! '

Figure 9342 is an unlined simple axisymmetric expansion charmber. Fig-
ures 9.34b,c show the chamber with lining (with resistivity of 5000 Pa - s/m?)
of 18.2 and 36.4 pum thickness, respectively. The plots in Fig. 9.34 comipare
the computed values of therr axial transnussion loss TL, (assuming rigid shell).
Clearly, the role of lining is to raise and even out the troughs, particularly at the
medium and high frequencies.
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A plenum chamber has lining not only on the shell but also on the side-
walls/plates. Figure 9.36 shows (a) a simple expansion chamber (plenum), (b) one
with lined sidewalls, (c) one with lined shell only, and (d) one with lined shell as
well as lined sidewalis (or end plates). It may be noticed that while the sidewall
lining has considerable effect (in raising the troughs), the effect of shell lining
is much more pronounced. In fact, a comparison of curves b and ¢ of Fig. 9.36
shows that the relative effect of sidewall lining is only marginal.

In all the three foregoing figures, provision of lining has increased the overall
radius of the muffler shell. Sometimes, it may not be feasible or advisable to
increase the shell radius. Then, the internal lining of the shell would decrease
the ratio of sudden expansion and sudden contraction. Figure 9.37 shows the
effect of this compromise (between reaction and dissipation), keeping the overall
shell radius constant. It may be observed that the performance of lined ducts is
relatively poor at very low frequencies, when a simple unlined chamber has an
edge. The two can supplement each other in a combination muffler (configuration
b in Fig. 9.37).
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Sound Generation
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i

Acoustical engineers can be grouped into two categories: those who try to
minimize the efficiency of sound radiation and are called noise control engi-
neers and those who twy to maximize 1t and are called audio engineers. This
book addresses the first group exclusively.

The main duty of noise control engineers 1s to know how to reduce, in a cost-
effective manner, the noise produced by equipment at the location of an observer.
The noise reduction can be achieved (1) at the source; (2) along the propagation
path by building extensive barriers between the source and receiver, installing
silencers, and so on, as discussed in Chapters 5 and 9; and (3) at the receiver
by enclosing it, as discussed in Chapter 12, or by creating a limited “zone of
silence” around it by active noise control, as described in Chapter 18.

The meost effective, and by far the least expensive, noise comtrol can be
achieved at the source by reducing its sound radiation efficiency. A reduction
of the efficiency of noise generation of the source results in a comrmensurate
reduction of the noise at all observer locations. In comparison, the erection of
barriers, enclosing the receiver, and creating a localized “zone of silence” at
the receiver are effective only in limited spatial regions. Putting silencers on the
noisy equipment is combersome and usually increases the size and weight and
reduces the mechanical efficiency of the equipment. The last two measures are
often referred to as the brute-force methods.

The reduction of the efficiency of noise radiation at the source can be achieved
passively by changing the shape of the body if its vibration velocity is given and
by changing both the shape and mass of the body if the vibratory force acting
on it is given. Reducing the efficiency of sound radiation by active means is
generally accomplished by placing a secondary sound source of the same volume
displacement magnitude but opposite phase in the immediate vicinity of the body,
as discussed in detail in Chapter 18, or by a combination of these passive and
active measures.
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If constructional changes are possible, always the passive measures should be
implemented first, even if the needed additional reduction will be achieved by
active means. Even if they do not achieve all the needed noise reduction, passive
noise control measures reduce the demand on the power-handling capability of
the noise-canceling loudspeakers. In addition, passive noise control measures
remain effective m case the active control fails. The most desirable, but also the
most difficult to achieve, passive noise control measures are those which require
constructional changes of the equipment. Not infrequently, the same construc-
tional changes that reduce the efficiency of sound radiation also may improve the
mechanical efficiency of the equipment. The primary purpose of every machine
is to perform a specific, usually mechanical, function. The noise is an unwanted
by-product. The reduction of the efficiency of sound radiation at the source must
always be accomplished without interfering with the promary function of the
equipment. As we will show later, the reduction in the efficiency of sound radi-
ation of any noise source is always achieved by reducing the force or forces that
act on the surrounding fluid.

10.1 BASICS OF SOUND RADIATION

This chapter deals with the sound radiation of small pulsating and oscillating rigid
bodies. Throughout this chapter the adjective small means that the dimensions
of the body are small compared wirh the acoustical wavelength. Sound radiation
of large bodies is treated in Chapter 11. An exhaustive treatment of the sound
radiation of all types of bodies is given in reference 1.

Historical Overview

Technical acoustics 15 a branch of applied physics. All acoustical phenomena
can be derived from Newton’s basic laws. During the early part of the last cen-
tary the science of technical acoustics has been developed mainly by physicists
with a strong background in electromagnetism or by electronics engineers. The
reason for this is that only they had the mathematical background to deal with
dynamic phenomena in general and, most importantly, with the wave equation.
In those days, the education of mechanical engineers was almost exclusively in
static deformation of structures and slow phenomena in hydrodynamics. Physi-
cists often describe the acoustical phenomena by mathematical formalisms that
facilitate the mathematical analyses. Unfortunately, these formalisms, such as
monopoles, dipoles, quadrupoles, “equivalent electric circuits,” and “short cir-
cuiting,” were often not familiar to mechamical engineers. This built artificial
barniers for the mechanical engineers which have been overcome only in the
last few decades due to the dramatic increase in the education of mechanical
engineers in dynamic phenomena.

This chapter attempts to explain the important phenomena of sound generation
in a form, the author believes, that might have been done if the theory of sound
generation had been developed by mechanical engineers. As we will show in the
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remainder of the chapter, the sound radiation phenomena can be fully described
without knowing anything about monopoles, dipoles, quadrupoles, and equivalent
electric circuits.

The added advantage of characterizing the sound sources by the force and the
moment they exert on the fluid rather than assigning abstract descriptors such as
equivalent point sound source, dipole strength, and quadrupole strength means
that such characterization gives a better understanding of the physical phenomena
involved and identifies the actual physical parameters that control all types of
sound generation processes.

Qualitative Description of Sound Radiation of Small Rigid Bodies

Small rigid bodies oscillating in an unbounded fluid experience three types of
reaction forces; (1) inertia force needed to accelerate the fluid to move out of the
way of the body, (2) force to compress the fluid, (3) friction forces owing to the
viscosity of the fluid.

The inertia force, which is by far the largest of them, is 90° out of phase with
the velocity of the body. The compresstve force 1s in phase with the velocity and
is much smaller than the mertia force. However, 1t has to be considered because
it determines the sound radiation. The friction force is usually small enough
compared with the two other components that it can be neglected by assuming
that the fluid has no viscosity.

Sound is generated by phenomena that cause a localized compression of the
fluid (gases or Lquids). This chapter deals with the most common sources of
sound generated by pulsation and oscillatory motion of small nigid bodies and
by pomtlike forces and moments acting on the floid.

Anyone who has operated a bicycle pump can attest to it that it takes consider-
able force to maintain a repetitive pumping motion of the piston when the valve is
closed. The compression of the air in the closed cavity generates a large reaction
force that opposes the motion of the piston. The opposing force depends only on
the magnitude of the stroke and does not depend on the rapidity of the pumping.

It takes considerably less force to perform the same repetitive pumping motion
when the valve is open and the hose is not connected to the tire. The force that
resists the stroke in this case is the inertia force needed to push the air mass
(stroke times surface area of the piston times the density of the air) through the
open valve. The inertia force is proportional to the acceleration (i.e., the rapidity
of the pumping motion) of this mass. The reaction force is very small if the rate
of repetition 1s low and increases with increasing repetition rate. At sufficiently
high repetition rate it becomes harder to accelerate the air mass that must be
pushed through the open valve during increasingly shorter time periods than to
compress the air in the pump’s cavity. In this case the force needed to operate the
leaky pump approaches that needed to operate the pump with the valve closed.

As we will see, similar behavior is observed in the sound radiation of small
rigid bodies where the surrounding fluid i1s compressed in earnest only when
the force needed to move the fluid in the vicinity of the pulsating or oscillating
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body out of the way becomes the same order of magnitude as that required to

compress it

Pulsating Small Rigid Bodies. If a small body, exemplified by a pulsating
sphere, operates at low frequencies where the wavelength of the sound is large
compared with the acoustical wavelength, the pressure has two components. One
18 90° out of phase with the velocity of the pulsating surface and a much smaller
component is in phase with it. The former component is owing to the iner-
tia of the surrounding fluid that is pushed into a larger spherical area during
the outward motion of the pulsating surface and pulled back during the mward
movement without much compression. The latter component of the pressure,
which 1s in phase with the surface velocity, is owing to the compression of the
surrounding find.

The force needed to overcome the inertia of this back-and-forth sloshing fluid
volume increases with increasing frequency and so does the in-phase compo-
pent of the surface pressure. Above a frequency where the wavelength becomes
smaller than six times the radius of the sphere, it becomes easier to compress
the fluid than to accelerate the fluid volume and the pulsating sphere becomes
an efficient radiator of sound. Both the in-phase and 90° out-of-phase compo-
nents of the pressure are evenly distributed over the surface of the sphere and
the pulsating sphere radiates sound ormnidirectionally.

At low frequencies not only the pulsating sphere but also all pulsating small
bodies have an ommudirectional sound-radiating pattern and both the far-field
sound pressure and radiated sound power depend only on the net volume flux
and the frequency urespective of how the vibration pattern 1s distributed over their
surface. Because of these unique properties, pulsating small bodies are referred
to as monopoles.

Oscillating Small Rigid Bodies. In the case of an oscillating rigid body,
exemplified by an oscillating spbere, the fluid pushed aside by the forward-
moving half of the sphere is “sucked in” by the void created by the receding
half of the sphere. The fluid moves back and forth around the sphere between
the two poles. The velocity of the fluid is highest near the surface of the sphere
and decreases exponentially with increasing radial distance. This exponentially
decreasing velocity field is referred to as the near field. The kinetic energy flux of
the near field depends on the geometry of the body, the direction of the oscillatory
motion, and the density of the flmd surrounding the body. The quantity added
mass/fluid density 1 a property of the body and its motion, It is referred to in
the acoustical literature as the added volume. In the hydrodynamic literature the
added mass coefficient 18 defined as the ratio of the added volume, V,q, and
volume of the body, V.

Push~pull action between the poles (located in the direction of the oscillatory
motion) makes it easy to move the fluid back and forth and the surface of the
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oscillating small rigid sphere, for the same surface velocity, experiences much
smaller reaction pressure than the pulsating sphere and radiates substantially less
sound. The magmtude of the reaction pressure on the surface of the oscillating
sphere has its maxima at the poles where the radial velocity has its maxima and
zero at the equator where the radial velocity 1s zero. Consequently, the sound
radiation pattern is maximum in the direction of the oscillatory motion and zero
the direction perpendicular to it. This behavior 1s not restricted to the oscillating
sphere but holds for small oscillating rigid bodies of any shape. In analogy to
the sumilar radiation patter of the magnetic field caused by an oscillating charge,
oscillating small rigid bodies are referred to as dipole sound sources.

The net oscillatory force exerted on the flmid is obtained by integrating the
pressure distribution over the surface of the sphere. The force points in the
direction of the oscillatory motion. As we will show later, with respect to sound
radiation, a small, oscillating rigid body is equivalent to a pointlike force (i.e.,
pressure exerted by a small surface) acting on the fluid. The radiated sound power
is obtained as the product of the body’s velocity and the component of the net
reaction force that is in phase with the velocity.

The distribution of the reaction pressure on the surface is known only for a
few bodies. Consequently, the net oscillatory force they exert on the fluid (and
consequently the radiated sound field) cannot be obtained directly. As we will
show later, the force exerted on the fluid by such bodies—and consequently also
their sound radiation pattern—can be predicted on the bases of the oscillatory
velocity and geometry of the body and its added mass in the direction of the
oscillatory motion. The latter can be found frequently in the hydrodynamic liter-
ature or can be determined experirmentally by measuring the resonance frequency
of the body supported on a spring; first in a vacuum then immersed in a fluid
(preferably a liquid).

Moment Excitation: Lateral Quadrupole, Two closely spaced identical small
rigid bodies oscillating in the same direction but 180° out of phase, or the equiv-
alent two closely spaced parallel pointlike forces acting on the fluid 180° out
of phase, are referred to as a lateral quadrupole. The forces constituling the
moment are frequently due to shear strain. Both of these descriptions are helpful
in understanding the sound radiation properties.

If we consider the representation of the two closely spaced small rigid bodies
oscillating in opposite directions, it becomes apparent that the fluid pushed aside
by the pole of one of the bodies does not need to be moved around to the
opposite pole but is easily moved mto the void created by the receding pole of
the second body. The reaction pressure on the surface of each of the bodies, and
consequently the sound field they produce, is substantially smaller than would
result when only one of the bodies would oscillate.

If we consider the model of two parallel closely spaced pointlike forces, we
realize that the lateral quadrupole represents excitation of the fluid by a moment.
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The source strength is characterized by the moment, regardless of whether the
moment 1s constituted by large forces spaced very close to each other or by
smaller forces spaced at a larger distance apart, provided that the distance is still
much smaller than the wavelength.

The sound radiation pattern of a lateral quadrupole is zero in two planes. The
first of this is perpendicular to the plane defined by the two parallel forces and
cuts the plane of the forces halfway between them. All points located in this
plane have an equal distance from the two bodies moving in opposite directions
and their contribution to the sound field cancels each other.? The second plane
of zero sound pressure is perpendicular to the direction of the motion of the
oscillating bodies and cuts through their center. The sound pressure is zero at
all points on this plane because the two oscillating bodies constituting the lateral
dipole have zero radial velocity in these directions.

The sound radiation pattern has maxima in two planes. Both of these planes cut
‘the zero planes at 45° angles. In two dimensions the radiation paitern resembles
an old-fashioned, four-bladed propeller where the four maxima are represented
by the four blades and the minima by the void between the blades.

If the two opposing forces are of different magnitude, the sound radiation
pattern is the superposition of the quadrupole radiation pattern associated with a
moment constituted by-two opposing forces having the same magnitude as the
smaller force and a dipole pattern associated with a single pointlike force that
equals the difference between the two : forces

Because the maxima of the dipole pattem “fill” the zero planes of the quadru-
pole pattern, the resulting radiation pattern has no zero value in any direction.

Sound Excitation by Two Opposing Forces Aligned Along a Line: Longi-
tudinal Quadrupole. If two equal-magnitude but opposing dynamic forces are
placed on a line a small distance apart (or the equivalent of two identical small
rigid bodies are oscillating 1807 out of phase}, the sound radiation pattern resem-
bles that of a single pointlike force. However, the two maximum lobes, pointing
in the direction of the forces, are much narrower and the radiated sound power is
much smaller than if only one of the forces acted on the fluid. In analogy to the
directivity pattern of the magnetic field generated by two closely spaced charges
oscillating in the opposite direction, this type of sound source is referred to as a
longitudinal guadrupole. This type of radiation pattern occurs when a small rigid
body oscillates in water near to and perpendicular to the water—air interface. In
this case the muror image represents the identical second body that oscillates
180° out of phase.

If the two opposing forces are not equal, then the resulting radiation pattern
is the superposition of the pattern of a longitudinal quadrupole and a dipole.
Because both radiation patterns have zero value in a plane that is perpendicular
to the forces and cuts through the center of the force pair, the resulting radiation

pattern has zero value in this plane. The contribution of the dipole component
widens the two maximum lobes.
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Radiated Sound Power. The sound power radiated by all of the above-
discussed sound sources can also be deternuned by integrating the intensity
Pms(” 9. 8/ poco over a large radius (kr >» 1) sphere centered at the acous-
tical center of the source, where p2  (+) is the mean-square value of the sound
pressure at distance r in the direction designated by the angles ¢ and 6.

Acoustical Parameters of Sound Radiation

This section contains a brief mtroductory discussion of the acoustical parame-
ters of fluids, including the speed of sound, density, and plane-wave acoustical
impedance.

Propagation Speed of Sound in Fluids. The molecules of fluids and gases
in equilibrium undertake a random motion with equal probab1hty of direction,
¢, and the propagating speed in a stationary. fluid, co, given by?

RT
o= o7 =] o0 s (10.1)

where y = c,/c, is the specific heat ratio with y ~ 1.4 for air and y ~ 1.3 for
steam, R is the universal gas constant (R = 8.9 J/K), T' is the absolute tempera-
ture in degrees Kelvin (K), (0 K = —273°C), and M is the molar mass equal to
0.029 kg/mole for air and 0.018 kg/mole for steam. For air Eq. (10.1) yields

K TCO) +273
co = 20.02/T(K) = 342.6,/ %—% = 342.6,/ —Q—%—;— ms (10.2)

For air at 20°C = 68°F = 293 K the propagating speed is cg = 342.6 m/s, at
which a sound wave travels in air. The individual molecules collide with each
other in a random fashion exchanging momentum with each other. If they impinge
on a solid impervious wall, they rebound back from it. Sound is generated
when dynanmc forces acting on the fluid superimpose a very small but organized
dynamic velocity on the very large random velocity of the molecules. The word
“organized” means that in the case of periodic motion the superimposed veloc-
ity has a specific direction and a specific frequency and in the case of random
motion it has a direction and its frequency composition can be described either
by its power spectrum or autocorrelation function, as described in Chapter 3. In
a stationary fluid the kinetic energy of the molecules acquired through the exci-
tation causes compression and the compression then accelerates the molecules.
In a stationary fluid the kinetic energy and potential energy are in balance in
any small volume of the fluid. If the sound source acts on a moving media, the
kinetic energy depends on the velocity and the direction of the fluid movement. In
this chapter we will deal with statiopary media only. Sound radiation in moving
media is covered in Chapter 15,
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F‘IGURE 10.1 Oscillating plane rigid piston radiating sound into a small-diameter rgid
pipe that is either infinitely long or anechoically terminated: (a) Hypothetical experiment

to determine the plane wave impedance of fluids, No side branch; (b) open side branch
of the same cross section area § as the face area of the piston and effective length /.

The superimposed organized particle velocity of sound we experience is usu-
ally in the range 10~% /s (corresponding to a sound pressure level of 14 dB re
20 wPa) to 107 m/s (corresponding to 94 dB re 20 wPa).

Plane-Wave Impedance. The pléﬁ%fwave mmpedance can be obtained by per-

forming a hypothetical experiment similar to that suggested by Ingard,? as shown
in Fig. 10.1a.

Hypothetical Experiment 1. Assume, as sketched in Fig. 10.1q, that a plane,
nigid piston of surface area S is located on the left end of a small-diameter
(much smaller than the wavelength), infinitely long or anechoically terminated
tube with rigid walls filled with a fluid of density pp and speed of sound ¢y, If
the piston moves to the right with a constant speed of v, the face of the piston
expeniences a reaction pressure. To determiine the plane-wave impedance defined
as Zy = p(x = 0)/vp, we need to find that particular pressure plx = 0) at the
piston—fluid interface (at position x = 0) that results from the piston velocity v,.
At the time Az, the shaded volume of the fluid on the left, Spcp At, has acquired
the particle velocity vy and the rest of the fluid on the right is motionless. The
momentum M acquired by the fluid during the time Az is then M = vgpSocy At.
According to Newton’s law the force on the interface 1s

d
Flx=0)=5px=0)= —d-t—M Af = v,ppScy N (10.3)
yielding the plane wave impedance Z,

_Pex=0

P

Za = poca N -s/m® (10.4)
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Performing the same thought experiment on a solid bar yields the plane-wave
impedance of a solid as

Zo & pyer N - sim® (10.5)

where ¢ = propagation speed of longitudinal waves in bar, (E/0)/? m/s
ou = density of solid material, kg/m>
E = Young’s modulus, N/m?

If the piston oscillates with a velocity of the form v, e/, starting at z = 0, the
sound pressure in the tube filled with a fluid (aiwr) 1s

plx, 1) = vpppco eI 1 N/m? (10.6)
and the sound power radiated by the piston, Wiy, is
Wrag = 30, Re[p,(x = 0)] Spoce N m/s (10.7)

where in Egs. (10.6) and (10.7) @ == 27 f, f 1s the frequency in hertz, k = @/cy is
the wavenumber, and the hat above the symbol signifies the peak value. Observing
Egs. (10.6) and (10.7), note that the higher is the product of density and speed
of sound, the larger are the sound pressure and the radiated power that a given
excitation velocity v will generate.

For example, when plane waves are generated mn a column of air, water,
and steel, an enforced velocity v = 1 mmy/s = 1073 my/s will produce the sound
pressure p, sound pressure level SPL (in dB re 2 x 107> N/m?) listed below.
Assuming that the cross-sectional area is 10™* m?, we also can predict the radi-
ated sound power Wp,4 1n watts:

Material p kgm®y c@fs) p Nm® SPL(AB) Wee (W)

Air inside 121 344 0.42 86 42 x 1078
rigid tube

Water mside 998 1481 1478 157 1.5 x 1074
rigid tube

Steel bar 7700 5050 3.9 x 104 186 3.9 x 1073
n air

In plane waves all of the volume displacement produced by the vibratory
excitation at the interface is converted into compression and the resulting sound
pressure at the interface is in phase with the excitation velocity. In this case,
the sound radiation is that which is the maximum achievable. In other situa-
tions, where the volume displaced by the vibratory excitation is mainly used for
“pushing aside” rather compressing the fluid, the resulting sound pressure at the
interface is much smaller. That is, the pressure has only a small component that is
in phase with the vibration velocity of the excitation, which is the reason for the
mefficient low-frequency sound radiation of small bodies. For such small sound
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sources, maintainmng the same velocity with increasing frequency means that it is
increasingly more difficult to push aside the fluid. When it becomes much easier
to compress the fluid than to push it aside, the pressure produced at the interface
reaches its maximum and is nearly in phase with the excitation velocity and
the efficiency of sound radiation approaches that of a plane wave. The remaining
very small but fimte phase difference is essential because it determines the radius
of curvature of the wave front.

Piston Generating Sound in Rigid Tube with Open Side Branch. To
illustrate the effect in a quantitative manner that the efficiency of sound generation
is decreased if if is easier to push the fluid asitde than to compress it, consider the
situation shown in Fig. 10.1b. It differs from the sitnation depicted in Fig. 10.1a
by the addition of an open side branch to the pipe in the immediate vicinity
of the piston. Let assume that the piston, the main pipe, and the side-branch
pipe all have the same cross-sectional area S and that the effective length of the
open-ended side branch is ¢, The mass of the air in the side branch is pyS7'.
The force needed to push this mass aside, jwv,peSl', 13 smaller than the force
vpppcoS needed to compress the fluid, and the presence of the open side branch
will reduce the ability of the piston to exert force on the fluid.

The sound pressure that the oscillating piston with peak velocity amplitude ¥,
produces 1s given by

plx =0y = Yp 1/{}@'00{?) + 1/{poco)

Separating the real and imaginary parts in Eq. (10.7) yields

N/m* (10.8)

5 (capol )2 poco + (Jwpol Y (poca)?
(poce)? + (wpol’)?

At low frequencies where wpol’ <€ pocs, Eq. (10.8) yields

plx=0)= N/m? (10.9)

plx =0y~ 3,(jopel") Nim? (10.10)
At high frequencies where wpgl” 3> poco, Eq. (10.8) yields
p b0 Nim? (10.11)

Inspecting Eqs. (10.9) and (10.10), note that the sound pressure produced by the
piston is small, is nearly 90° out of phase of the velocity of the piston, and
increases linearly the frequency w. Using the vocabulary of electric engineers,
the low impedance of the mass in the open side branch, jwopl’, “shunts” peco,
the plane-wave impedance of the fluid in the tube.

More specifically at low frequencies most of the volume displaced by the
oscillating piston flows into the open side branch, where it encounters little “resis-
tance,” and only a very small portion flows into the main tube. Consequently,
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the magnitade of the reaction force exerted on the piston owing to the presence
of both the side branch and the main pipe is only a minute amount larger than
the small force needed to keep the fluid mass in the side branch oscillating. The
same small force is exerted on the fluid in the main pipe. This force is substan-
tially smaller than it would be if the entrance of the side branch were closed.
Accordingly, the sound pressure in the main tube 1s also substantially smaller.

The sound power that the piston is radiating into the main tube is the product
of the velocity of the piston and the small component of the reaction force that
is 1n phase with the velocity and is given by

l/ 2
Weo = 19, Relp(x = 0)) § = Li2g—Poco@pol)

2548 ——— e N /s 10.12)
2¥ (0060)2 + (wpol’)? (

The hat above the variables indicates peak amplitude. If the rms value of the
piston’ velocity were used, the factor % would be omitted in Eq. (10.12).

Inspecting Eq. (10.12), note that at low frequencies where wpol” < poco, the
radiated sound power approaches zero with decreasing frequency. At high fre-
quencies where wpgl’ 3> poco, the radiated sounds power becomes mdependent
of frequency and approaches that obtained in Eq. (10.7) for the pipe without an
open side branch.

Pipe with Open Side Branch Representing Sound Radiation of Pulsating
Sphere. Following the qualitative suggestion by Cremer and Hubert,> we are
asmgmnc the spemﬁc values for § and I’ in Egs. (10.9) ‘and (10.12), namely, § =
4rwa?, § p = Us, and I’ = a4, and considering that the wavenumber k = w/cy and
9,8 = ;4ma* = § 1s the peak volume velocity of our sound source, Eg. (10.9)
yields the well-known® formula for the peak value of the sound pressure on the
surface of the sphere:

~ Jwpoa 2

H(a) == O = 10.13
pla) %TF jka (10.13)

Also note that the volume of fluid in the side branch is Vg = 4wa® and the
added mass of the fluid is Muy = 4mra’ po. For a pulsating sphere the volume V4
is three times the volume of the sphere and is called the added volume in the
acoustical literature and in M, 1s called the added mass. The added mass plays a
central role in the sound radiation of small pulsating and escillating rigid bodies.
The added mass is a measure of the ability of these bodies to exert a dynamic
force on the surrounding fluid.

Substituting the same values into Eq. (10.12) yields the well-known formula*
for the sound power radiated by the a pulsating sphere of radius ¢ and peak
surface velocity s:

(poco) (ke (0060) (ka)® 2

— g N
Wona = 94 1+ Gar T\ 72 )14 kar fm

(10.14)

F4
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Sound Radiation by Volume-Displacing Sound Sources

To describe the sound radiation of small volume-displacing sound sources, we
take the unusual approach of starting with the case where the source operates in
the most restrained environment and then gradually weakening the restraints to
arrive at the unrestrained case where the sound source operates in an undistarbed
infinite fluid.

On the top of Figure 10.2 is shown the starting point where the volume-
displacing sound source 1s represented by a piston that vibrates with an axial
velocity v, in the mouth of a nigid linear horn. The horn represents the restraint,
The linear homn is a rigid bollow cone with the tip cut off. The cutoff end
becomes the mouthpiece of the horn. The diameter of the cross-sectional area of
the linear horn increases linearly with increasing distance r from the tip and its
cross-sectional area increases with 72, The cross-sectional area of the horn at its
mouth, /6, is chosen to fit the mouth of a human speaker. The symbol § is the
solid angle (9 equals 7 for a quarter space, 27 for a half space, and 4w for a
full space, as illustrated in Fig. 10.3).

The cross-sectional area at the large end of the horn is chosen to be Sgue >
A= cg / fiﬁt, where fi, is the lowest frequency of interest (usually 500 Hz for
voice commumnication) so that practically no sound is reflected from the far end
of the horn. If this condition is fulfilled, the use of the lintar horn is equivalent to
increasing the size of the mouth of the human speaker by the ratio of the end and
mouthpiece cross-sectional areas of the horn, as illustrated by the lower sketch
in Fig. 10.11. -

The cross-sectional area of the horn can be expressed as

S(r)y =6r* m? (10.15)

According to Cremer and Hubert,? the sound pressure inside the horn as a function
of distance from the tip can be expressed as

5 (/1) 2

PO = ec) + 1 Gaoal)

(10.16)

Hore

FIGURE 10.2 Vibrating piston sound source driving a linear acoustical horn (see text
for explanation of symbols).
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where v, is the vibration velocity of the piston at the mouth of the horn and
[ is the radial length from the cutoff tip of the cone to the mouthpiece end, as
illustrated in Fig. 10.2. Observing Eq. (10.16), note the following:

1. The term jwpol represents the added mass that is the consequence of the
expansion of the cross section, which makes.it possible to push the fluid
off axis. In the extreme case when @ — O the horn turns into a rigid pipe
and the added mass becomes infinite. This means that the near field in the
pipe extends to infinity. .

2. The sound propagates in the linear horn at all frequencies (which 1s not the

case in an exponential horn, where no sound propagates below its cutoff
frequency).

3. At low frequencies when kl = {(w/co)l < 1 the sound pressure increases
linearly with frequency as p(r) = jwpe(?/ )i,

4. Above the frequency @ > co/1 the linear horn works at full efficiency and
the sound pressure as a function of distance becomes p(r) = v,(I/r)poco.

Considering that the volume velocity at the mouth of the horn is g = v pﬁlz,
the radiated sound power takes the form

1% 1 Lo 1
Wi = ¢° — = g° N.
d ”"C"(e) T+ w2 4 o [Hx(smwz/e)] wfs
(10.17)

Figure 10.3 shows what happens if we gradually weaken the restraiot by increas-
ing the solid angle 8 from zero to 4z, In the extreme case, when the solid angle

~{¥% T T
=0
I=0
A
%vp o=2x _%lg}vp = d

FIGURE 10.3 Increasing the solid angle 6 of thé horn; Top left: 6 = 0, pipe. Middle left:
@ = m, quarter space. Bottom left: = 2, half space. Middle right: 6 = 37, three-quarter
space. Bottom right: pulsating sphere in unbounded space.
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of the horn 8 is zero and tip length [ approaches infinity, the horn becomes ‘

a cylindrical pipe, as shown in the top sketch. In this extreme case the sound
pressure mn the pipe is

p@rt) = (g/S)e 7 &/ N/m? (10.18)

indicating that theoretically the amplitude of the sound pressure would not de-
crease with distance. A practical use of this attribute is shown on the left
m Fig. 10.11.

Consider now the effect of increasing the solid angle of the horn from 8 = 0 by
an infinitestmally small Af. Consequence of this is a phenomenological change
in the behavior of the sound field, namely the sound pressure approaches zero
at an infimitely large axial distance while for the pipe it would remain just as
high as on the surface of the piston. Such quantum jumps are not allowed in
Newtonian physics. The change in the behavior of the sound field is rapid but
continuous. In the constant cross-sectional area of the pipe the near field extends
infinitely. In the linear hom with infinitesimally small solid angle the near field
extends nearly infinitely. Since in practice there are only finite-length pipes and
horns, a microphone near the end of the anechoically terminated finite-length
horn with an infinitesimally small solid angle would practically sense the same
sound pressure as it would in a pipe.

Let us now explore the behavior of our linear horn given in Eq. (10.17) at
solid angles of practical interest. Equation (10.17) yields

3

&

k
Wiaa = q*(00c0) (E) n N-mfsec {10.19)

where n = 1 when the volume source is located in an infinite, undisturbed fluid;
n = 2 when the volume source is flash mounted in an infinite, hard,
flat baffle and radiates into a half space;
n = 4 when the sound source 1s located in a two-dimensional cormer
and radiates mto a quarter space; and
n = 8 when located in a three-dimensional corner and radiating into an
eighth space.

If there is a net volurne displacement (as far as the far-field sound pressure and the
radiated sound power are concerned), the specific distribution of the velocity over
the vibrating surface is unimportant. This is because the non-volume-displacing
vibration patterns (dipole, quadrupole, etc.) radiate low-frequency sound much
less efficiently than volume-displacing patterns.

Figure 10.4 shows volume sources with different distributions of the vibration
velocity but having the same net volume velocity. The solid and dashed lines
represent the location of the vibrating surface at two time instances. The solid
line shows the maximum and the dashed line the minimum volume displacement
positions, respectively.
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FIGURE 10.4 Small volume sources with different distributions of the vibration veloc-
ity but the same net volume velocity.

Limits of Maximum Achievable Volume Velocity of Pulsating Sphere. The
maximum peak volume velocity §uax achievable with a small pulsating sphere
of volume Vipnere = 4a’/3 is limited by (1) the impossibility of having a
larger volume displacement than the volume of the sphere, (2) the desire of
not having supersonic surface velocity, and (3) the desire of keeping nonlin-
ear distortion within acceptable limits. These requirements are accounted for in
Eq. (10.20) below. ‘

Gmax < n 1
Viphere ~ @/ (3¢o) + 1/(12nw)

(10.20)

where the first summand in the denominator accounts for the first limit, the second
for the second limit, and the factor # < 1 in the numerator for the third limit.

Combining Egs. (10.19 and (10.20) and solving for Wy yield the maximum
peak acoustical power a pulsating sphere of radius a can produce:

W <2 ( pocaa*k®n? )
w002 < 2\ 3 B2l Gl
pow coatn? )
= N o/ 10.21
(1+[3/<12n>}[c0/<wa>] s ae2h

If we use the pulsating sphere as a loudspeaker to reproduce voice and music, it
would-be appropriate to choose # in the range of 0.001-0.01 to keep distortion
at peak events within tolerable Himits. 7

A dodecahedron-shaped enclosure with a loudspeaker flash mounted on each
of the 12 faces of the enclosure is often used to simulate an omnidirectional
volume sound source. The top photograph in Fig. 10.5 shows such a special reci-
procity transducer"~” (loudspeaker) that the author has developed for the NASA
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FIGURE 10.5 Photographs of a 4-in. edge-length dodecahedron loudspeaker to sumulate
a pulsating sphere as an omnidirectional sound source with volume velocity calibration
anci compensation for acoustical loading. Top: View of the loudspeaker. Bottom: Removed
internal fz-in. microphone used for volume velocity calibration and for correcting the
acoustical loading when the source is placed in a confined environment.

Lgngley Research Center. The lower photograph in Fig. 10.5 shows the internal
microphone removed from the center of the speaker. The internal microphone is
used for volume velocity calibration at low frequencies, for measuring and com-
pensating for the effect of acoustical loading (when the loudspeaker is placed
in a small, confined environment such as inside an automobile or in the cockpit
of an airplane or placed near a boundary) on the volume velocity, and for mea-
suring nonlinear distortion at low frequencies. The volume velocity calibration
of the transducer at mid- and high frequencies was accomplished experimen-
tally by calibrating the transducer as a microphone and utilizing the principle of
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reciprocity to obtain the volume velocity as a function of the applied voltage to
the loudspeakers.

Example 10.1. deterrmine the minimum radius amy, of a pulsating sphere that
should radiate 1 W peak acoustical power at 100 Hz for a distortion parameter
n = 0.005 and n = 0.01.

Solution solving Eq. (10.21) for the radius a yields

= 0088 mZ=3.5m. forn=10.005
0075 m =3 forn =001

The investigations above indicates that to radiate a practically meaningful
amount of sound power at low frequencies requires a sizable sound source. Con-
sequently, a point sound source is a practical impossibility. Furthermore, if the
point sound source does not exist, then there are no physically meaningful acous-
tic dipoles and quadrupoles.

Consequently, it wound be physically more meaningful to substitute the fol-
lowing in the engineering acoustical vocabulary:

small-volume sound source instead of monopole or point source,
force (acting on the fluid) instead of dipole, and
moment {acting on the fluid) instead of quadrupole.

Sound Radiation by Non-Volume-Displacing Sound Sources

Parts (@) and (b) 1n Figure 10.6 show the response of an unbounded fluid to
rigid, non-volume-displacing sound sources and parts (¢) and (d) that of volume-
displacing sound sources. All of the sources are small compared with the acous-
tical wavelength. The upper row depicts the body and shows the variables that
are responsible for the sound generation. The lower row shows, in a schematic
manner, how the fluid particles are pushed aside, creating a near field. The sym-
bol ¥, represents the dynamic velocity of the body and v, the particle velocity in
the pear field. As we will show latter, the kinetic energy flux of this near field,
@(0.5p90,), integrated over the entire fluid volume outside the body represents
the added mass, which is a measure for the vibrating body’s ability to exert a
dynamic force on the fiuid (“grab onto it”).

In Fig. 10.6 (&) and (b) are examples of non-volume-displacing sound sources
and (¢) and (d) of volume-displacing sound sources.

In Fig. 10.6a the upper sketch depicts a small rigid body that exhibits random
motion in one dimension’ with a velocity ¥, and the lower sketch depicts the
direction and path of the particle velocity in the near field at a given moment
in time. Note that the fluid “pushed aside” by the forward face of the body is
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FIGURE 10.6 Schematic representation of various non-volume-displacing and volume-
displacing sound sources and the associated particle velocaty in the near field. The symbol
v is the vibration velocity of the body and ¥, is the particle velocity in the near field.
(@) Non-volume-displacing sound source; small, rigid body of arbitrary shape moving
with a velocity § in an unbounded fluid. (5) Stationary, small, rigid body exposed to a
flow field of stationary velocity U7 with a fluctuating component #. The angle of attack
15 ¢ and the resulting dynamic force 18 F; = Cp, (10022} and Cy. is the lift coefficient of
the body. (¢) Volume-displacing small sound source typified by a loudspeaker mounted
on the face of an autight, rigid enclosure. (d) Volume-displacing small sound sonrce flash
mounted in an infinitely large, plane, rjgid@bafﬂe.

“sucked in” by the void created by the receding backward face of the body.
This “push—pull” situation results in a very small force. Borrowing from the
vocabulary of electronic engineers, this situation is referred to as an “acoustical
short circuit.”

In Fig. 10.6b the upper sketch depicts a small stationary body exposed to a
flow field of average velocity U and a fluctuating component ii. The fluctuating
component of the flow produces a fluctuating lift force F; and a fluctuating drag
force Fp (the drag force is not shown to preserve clarity).

In Fig. 10.6¢ the upper sketch shows a loudspeaker mounted on a face of a
rigid-walled enclosure. In this case the rigid enclosure prevents the “pulling” by
the receding back face of the speaker. Moving aside the fluid by “push” alone,
without the help of the “pull,” requires more force. More force acting on the fluid
translates into higher sound radiation. This is the reason that a small oscillating
surface radiates sound more efficiently if its back side is enclosed than the same
surface would radiate if the back side is not enclosed.

Sound sources with an enclosed back side displace the same volume in the
back side as on the front side. However, the volume displaced by the back
side is prevented from “communicating” with the surrounding fluid by the rigid
enclosure. If a dynamic force of constant amplitude drives the vibration velocity
(which is the case for our loudspeaker shown in the upper sketch m Fig. 10.6¢),
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the obtamable vibration velocity 1s limited either by the volume stiffness of the
air in the enclosure volume or by the mass of the moving part of loudspeaker.

If the enclosure is small compared with the acoustical wavelength, the sound
pressure that is produced at the surface of the active part has time to spread
around the outside wall of the enclosure during each vibration cycle. As a
direct consequence of this, all small volume-displacing sound sources, indepen- -
dent of their geometry, have an omnidirectional sound radiation pattern in the
far field.

In Fig. 10.6d the upper sketch shows a vibrating surface (in the form of a
loudspeaker membrane) flush mounted in a flat infinite rigid baffle. This is a
situation that basically resembles the configuration in Fig. 10.6¢, except that the
sound radiation must take place in a hemisphere (half space). Consequently, for
the same volume displacement the mean-square sound pressure P2, at a given
radial distance r will be twice as large as an omnidirectionally radiating source
would produce.

Response of Unbounded Fiuid to Excitation by Oscillating Small Rigid
Body. The dynamic “near-point” force acting on the fluid is always in the form
of a dynamic pressure over a.small area. By small, we mean here and in the
rest of this chapter that the body is small compared with the acoustic wavelength
= co/ ).

The quintessential question 1s, “How does the organized motion that a small
rigid body imparts on the fluid spread out, that is, diffuse in various directions
with increasing distance through the molecular collision process.

Diffusion of Sound Energy in Response to Excitation of Fluid by Oscil-
lating Small Rigid Sphere. This section deals with the prediction of the sound
radiation pattern and the radiated sound power of small, rigid, oscillating bodies
for one-dimensional, harmonic, and random motion.

Harmonic Excitation. The sound field that the harmonic, one-dimensional,
oscillatory velocity v(w) = 3 ¢/*" of a small rigid sphere generates is well known
and for » > a is given by*

jopea® ) (1 + jkr

B(r, ¢, @) = By(w) cos(p) (2 e+ joka 3

)e-—jk(r—-a) e]wl N/m2

(10.22)
where p{r. ¢. ®) = peak sound pressure (N/m?) at distance r () in direction ¢
0y == peak velocity of body in ¢ = 0 direction, m/s

@ = radian frequency, 2nf Hz
f = frequency of oscillation, Hz
po = density fluid, kg/m?
= radius of sphere, m
k = wavenumber, w/cp, m™*
¢y = propagation speed of sound, m/s
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It 1s mstructive to evaluate Eq. (10.22) at the two extreme cases, namely on
the surface of the sphere (v == ) and in the geometric far field where kr > 1.

On the surface of the oscillating sphere Eq. (10.22) yields the reaction pressure
of the fluid

Ka* + jka(2 + kK2a?)

5 D Jowr
pla, ¢, w) = Tp(w) cos(e) e FERT

N/m? (10.23)

The radiation impedance of the sphere, defined as the ratio of the surface
pressure and the radial velocity 3 cos(gp), is

k4 4 ika(2 }162 2
2 0[ @’ tjkaCtka )} Ns/m’ (10.242)

4 + kgt
Z — k4 4 ka
i £oCo (“_4“ + 22—) for ka &1 (1024b)
poco for ka > 1 (10.24¢)

The dynamic force exerted on the fluid in the direction of the oscillation, Fiy,
1s obtained by integrating the axial component of the elementary radial force,
AF; = cos(p) d Frag = pla, @) cos(p) dS over the surface of the sphere, yielding

2 B 2’3&74:24 + jka(2 + K2a?) .
gvoﬂoct}@?m ) 31 Kt N (10.25a)
. L 2wat
Fax = { Jopolo 3 = JwPopo Ve for ka < 1 (10.25b)
4 a? .
4 pocoty for ka > 1 (10.25¢)

where V,, is the added volume and ppVyy is the added mass (as we will define
latter on). Observing Eq. (10.24b) note that at low frequencies Fax is the force
needed to produce the same acceleration as that of the sphere (jwdy) on a con-
centrated mass that is equal the added mass.

The radiated sound power, Wi, is obtained as a product of the oscillatory
velocity and the component of the axial force that is in-phase with it, yielding

1 1 44
5 |fo[Re{Fux} = 5 901> pocotda®) ——— dips Nm/s o (1026a)
L.
Wi = 1 51001 poco(wa’/3)k*a* for ka < 1 (10.26b)
1
§|00|290c0(4m2 /3) for ka > 1 (10.26¢)
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Equation (10.25) indicates that at low frequencies (ka < 1) the radiated sound
power is small and increases with the fourth power of the frequency and at high
frequencies (ka >» 1) reaches a frequency-independent value.

In the far field (kr > 1) Eq. (10.22) takes the form

o 3 32— k%% + j2ka )
r cos{g) pocok’a yynyTn N/m®  (10.27a)
5o w) = § = @O o for ka < 1 (10.27b)
4ot cor
— By00co ( )cos(cp) for ka > 1 (10.27¢)

Sound Radiation of Oscillating Small Rigid Nonspherical Bodies. Real-
izing that 27a®/2 = 47a®/3 + 2ma®/3 and that Vj, = 47a®/3 is the volume of
the sphere and Vi = 2wa®/3 is the added mass of an oscillating rigid sphere,
we can write Eq. (10.24) in the form

2

b, go,o))2*5—:}ﬂfiﬁb(a))ws(w)[%—%Vad(D, W)l @ Nm?  (10.28)
where the symbols 1 and ¥ in the argument of V,q signify that the added
mass depends on the geometry of the body and the specific direction of its
oscillatory motion.

While Eq. (10.27b) is valid only for a small oscillating rigid sphere,
Eq. (10.28) is exact for an oscillating sphere and is a good engineering
approximation for small rigid bodies of any shape. It is instructive to rewrite
Eq. (10.28) in the form

2
~ w”op
70, W) o2 ——
P9 @) 4re

by (@) cos(@)(S,1,) /@) N/m? (10.29)

where S, is the projected area of the body on a plane perpendicular to the
oscillatory motion and

Vi + Vaa (D, W)
Sp

L=

(10.30)
i8 a length defined by the author in Eq. (10.30), where the angle W corresponds
to the direction of the oscillation of the body. The importance of the length /, is
that it defines the frequency range to ka < 1, where the body can be considered
small and where Eq. (10.29) 1s valid.

The cos{y) dependence of the directivity pattern in the vicinity of the oscil-
lating body is strictly valid only for spheres. However, in the far field of any
oscillating small rigid body (i.e., kr >> 1 and kI, < 1) the same cos(yp) depen-
dence applies provided that the fluid displaced by the forward-moving face of the

body is free to move to the void left by the opposite face. A detailed mathematical
proof of this is given by Koopmann and Fahnline.®?
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Prediction of l,. The length [, of various three-dimensional and two-dimensional
bodies are listed in Table 10.1. The I, values in Table 10.1 where computed uti-
lizing the formulas for V,4 given by Newman®

For the spheroid with major axis 2a and minor axes 2b and aspect ratio b/g, the
Ver-lengths 1y, 1y, and 1,, are obtained by finding mf; = Vg(x)/ V} and my, =
Vas(¥)/ Vi = Vaa(2)/ Vs in Fig. 10.7 at the desired b /a ratio and performing the
operation indicated in Table 10.1. The increase in moment of inertia (in addition
to that measured in a vacuum) when the ellipsoid body rotates around any of the
minor axes is obtained by finding the numerical value of m’s that belongs to the
appropriate b/a ratio and performing the operation indicated in Table 10.1.

Predicting Radiated Sound Power. The sound power radiated by small
oscillating rigid bodies is obtamned by integrating the far-field intensity
I = p*(r, ¢, w)/poco over the surface of a large sphere of radius r centered
at the oscillating small rigid body, namely

T A2
Woeag = fo wz;:ﬁ sin(pyde N m/s

10.3D)
Poco
Combining Eqgs. (10.29) and (10.31) vields
k4pOCOS2(lv)2
Wiag 2 —-—-ﬁ;—vimg N m/s (10.32)
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FIGURE 10.7 Added-mass coefficient Vaa/ Vs for a spheroid, of length 2¢ and maxi-
mum diameter 2. The added-mass coefficient m}, comesponds to longitudinal acceler-
ation, mj, corresponds to lateral acceleration in the equatorial plane, and m}, denotes
the added moment of inertia coefficient for rotation about an axes in the equatorial plane
representing the ratio of the added moment of wmertia and the moment of inertia of the
displaced volume of the flud. After Ref. 9. Reproduced by permission of the MIT Press.

Added Volume, V4, Ver-length, 7, and Added Moment of Inertia M of Oscillating and Rotating Rigid Bodies

TABLE 10.1

Vag and 1,

Name and Sketch
Sphere of Radius a

Mx:My:MZ=O

Vaa(z) = 2ma®/3

Ly = Iy, = 2a

= Vaa(y) =

Vad (x)
I x

=0

M,

?

4
3

Yarab*m

Vaa(z) = (

Vaalx) = (
Vaaly)
Ty = (

Spheroid of aspect ratio a/b

(#)mpoab?(a® + b%)

My“‘—*Mzm

7
22

yrab*m

11
4
3

4
3

) (1 +my)

Ja(l +miy)

b?.
- — (A
IUZ"’(g}(a

Ly =

(continued overleaf’}
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) @ TABLE 10.1 (continued)
©
Name and Sketch Vaa and 7, M
Long thin plate strip L > 2a;kL < 1 Vad(x) = Vaa(2) =0 M, = (%)71,003414
Vu(y)=m a’l
2 Ly =L =0
a Ly = (/2a
L
Long round finned rod L > 2a;kL 1 Vaa{x) = NPI¢ M, = see footnote b

Vaa(y) = na*L

Vaa(@) = mla® + (b* —a®?/P*L
Ly = NP

Iy =ma

I, = wld® /b + (b* — a*)?/2b%

My, = (2/m)a*L

Long rectangular plates crossing Vaa (x) == NPI? ,
perpendicularly L 3 2a;kL € 1 Vaa(¥) = Vaglz) = ma*L
Ly == NPT®

lvy = [y = (r/2)a
a
a
L
14
X
z

Long cylindrical rod of radius a Vaa(x) = NPI® ) M,=0
L>» 20kl <1 Vaa(¥) = Vaa(2) = ma"L
I = NPI*

Ly = I, = ma
<
L
Y
X

R~
{continued overleaf)
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- For a oscillating, small, rigid spherical body of radius a the area projected on
N = the plane perpendicular to the direction of the oscillatory motion Sp = ma* and
g b I, = 2a and Eq. (10.32) yield
i &
~ © 2 4
" I Wosa(Sphere) = 2OETEIERDT 0 e (10.33)
x| 3 2
This 15 the well-known™* formula for the sound power radiated by a small
. (ka <« 1) sphere of radius ¢ oscillating with an rms velocity amplitude of vy .
Random Excitation. Let us investigate the case where a small rigid sphere
exhibits random motion in one dimension {e. g., in the x direction). As described
in Chapter 3, the random motion is characterized by the power spectrum of its
velocity in the x direction, S,,(x).
The power spectrum, as defined m Chapter 3, represents the quantity obtained
& by filtering the random time signal in a 1-Hz bandwidth multiplying by itself
v and time averaging the product. In this chapter we use the symbol S with a
ff double subscript to represent a power spectrum or cross spectrum. The double-
- <§ o letter subscript of S identifies which of the two filtered signal are multiplied
’_T_ E = with the other before time averaging. For example the symbol S,,(w) repre-
8 < g sents the autospectrum of the randomw velocity signal filtered in a 1-Hz band-
8 s 3 width centered at the angular frequency w = 277 f, where f 1s the frequency in
LR & - 8. f*g hé x hertz. The symbol S,,(w) represents a cross spectrum of two random signals
2 Z & Re 2 N = x(z) and y(¢) obtained by filtering both signals in a 1-Hz bandwidth, multi-
' e n 2 o 2.3 3 plying them, and time averaging the product. The power spectrum of a signal
MRS Gl I f resulting from the superposition of two signals z(t) = x(¢) + y(t) is computed
NS EE e PG ) a8 8;(®) = Sux(®) + Syy(w) + 28y, (w). If the two random processes x () and
§ y(t) are not correlated, Sey(w) = 0. If the two random processes of the same
& power spectral density are fully correlated (i.e., they have the same cause), the
"“ cross spectrum is identical to the autospectrum, Siy(@) = i () = 8, {w) and
g Spo(w) = 45, (w} = 4Syy (). ) )
~ If the velocity of the vibrating body is exclusively in the x direction and
4 13 a random function of time, with a power spectrum of S, , (w) the power
o S spectrum of the sound at distance r in the direction ¢ from the positive x axis,
% g} E Spp(r, @, @), is
& < 3
| |2 g 4 3 Sppl, 1. @) = Sy @k (@. pok,a,r, )2 N*/m* (10.34)
3 g - 2 3
§ & g § ? where
g |E S R : o -
A g gl hilw, po, k, Iy, 1, @) = ) cos{p)(Sply)e’ (10.35)
=R T ~ Ry g2 TTCo
L IEN x ZV =%
Sl f} 3 T - 3 © ;:9 Hypothetical Experiment 2: Force Acting on Fluid. To find the dynamic
= § g3 ° ¥ « i ~:~ force acting on the fluid Fy, let us perform the thought experiment shown in
ZlEIEA - FA Ex Fig. 10.8. Let a dynamic force ¥, act on a small, rigid, hollow body of arbitrary
R e — = & &= shape at its center of gravity and determine the oscillatory velocity v; of the
370
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OT p(re)

FIGURE 10.8 Hypothetical experiment to determining the force F that acts on the
fluid and the sound field it produces by letting the wall thickness of an oscillating, hollow
rigid body approach zero.

body responding to the force as
Fp = Vo(jomp + Zra) N (10.36)
where my, is the mass of the body and Z4 = F t/vp is the radiation impedance:
By = jovslow(Va = Vo) + poVe + poVs@D, ©)] N (10.37)

where Vj, is the volume of the oscillating, hollow, rigid body and V, is the
volume of the inside cavity, filled with the same fluid that surrounds the body.
Both volumes are m cubic meters. The symbol py represents the density of the
solid part of the body in kilograms per cubic meter. The symbol V.q, in cubic
meters, is the added volume, or in the hydrodynamic vocabulary the added mass
coefficient. The symbols [ and ¥ in the argument of V4 is to remind us that
1t 1s a function of the body’s geometry and the particular angle of its oscillatory
motion to one of the designated axes of the body.

Let us now investigate the very tmportant extreme case of Eq. (10.37) where
the wall thickness of the hollow body approaches zero (and still remaimns rigid) by
setting V; — Vj. In this case the entire applied dynamic excitation force F, = F f
is acting directly on the fluid, yielding

Fp=uvpjopoVy + vy jopo VoD, ¥) N (10.38)

The first term in Eq. (10.38) represents the flux of the momentum of the
fluid volume displaced by the body, pgV,ld (vp)/dt], and the second term,
PoVaa (L1, )0 (vp)/dt], the flux of the momentum of the near field obtained
by integrating the component of the particle velocity that is out phase with the
velocity of the body over the entire volume outside of the body. Fortunately, we
do not need to perform this integration to obtain V,u([7, ¥ becanse

i
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(a) hydrodynamists have computed it for many body geometries of interest
(see Table 10.1 and Fig. 10.7),

(b) for most bodies of practical interest it can be well approximated by
spheroids of the appropriate aspect ratio (see Fig.10.7), and

{c) it can be determined experimentally.

Equation (10.38) is of fundamental importance. It signifies the following:

1. The force acting on the finid acts in the direction of the oscillatory motion.

2. Two-dimensional bodies, which have no volume (V, = 0) can exert force
on the fluid provided their velocity has a component perpendicular to their
plane and, consequently, Vaa # 0.

3. No force can be exerted on the fluid without a finite added mass (ie.,
Vaa # 0).

The far-field sound pressure as a function of distance r, direction ¢, and frequency
o produced by a pomtlike force Fy 1s obtained by solving Eq. (10.38) for vy, and
nserting this value into Eq. (10.25), yielding

ijf cos(yp) gl twr—iry _ —j Ff cos(p) g wt—kr)

piro o) =— 4y 2r A

N/m? (10.39)
The radiated sound power Wy is obtained by integrating the intensity
I = pXr, 9, w)/ pocy over the surface of a sphere of radius r > (1 /k) centered
on the excitation point. Carrying out the integration yields

K2 w?F?
f.rms Forms
W, = = - N-m/s 1040
T 127 p0co 12mpocs ( )

If the excitation is random, the excitation and response parameters have to be
replaced by their respective power spectra.

Equation (10.39) describes the diffusion law of acoustics. It gives the full
answer to the question “How does this organized motion—that 1s, i the direction
of the force at the application point-—diffuse with increasing distance in other
directions through the molecular collision process?”

Equation (10.39)signifies that:

1. The sound pressure in any particular direction is proportional the projection
of the force vector in that direction, Fy cos(¢), indicating that the strength
of the diffusion varies as cos{¢). The radiated sound pressure has its max-
imum in the direction of the force and it is zero perpendicular to it. This
is consistent with the fact that the oscillatory motion of the body exerts
on the filuid the maximum force in the motion direction and no force at all
in the direction perpendicular to it. The directivity pattern cos(¢) in three
dimenstons is represented by two spheres of unit diameter aligned in the
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FIGURE 109 Far-field sound radiation pattern of a small rigid body oscillating in the
¢ = 0 direction or an oscillatory force acting on the fluid in the ¢ = 0 direction.

direction of the oscillatory motion or the direction of the force and centered
on the line of the oscillating Body or on the point where the force acts on
the fluid, as shown (in two dimensions) in Fig. 10.9.

2. The sound pressure in any direction is inversely proportional to the source—
recetver distance r.

3. Independent of what causes the dynamic force F; which acts on the fluid,
the sound pressure fully determines the sound radiation pattern and sound
power output of small rigid bodies. The force can be, for example, the
reaction force to the oscillatory movement of the body or that caused by
fluctuating lift or drag forces generated on small stationary bodies by the
fluctuation of the mflow velocity or by vortex shedding at the trailing
edge of airfoils. Fluctuating inflow is caused by incoming turbulence of
a scale that is large compared with the size of the body. If the scale of
the convected pressure fluctuations (turbulence) is large compared with the
size of the rigid body, the force would be identical to that obtained by
moving the body in a stationary fluid in the direction and with the velocity
of the fluctuating component of the unsteady inflow and predicting lift and
drag forces.

However, a rigid stationary body exposed to fluctuating aerodynamic forces
radiates sound into a moving media. Consequently, the radiated sound pres-
sure and sound power is different from that an oscillating rigid body, that

exerts the same dynamic force on the fluid, would produce in a station-

ary media. The effect of moving media on sound radiation is treated in
Chapter 15.
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4. The sound pressure is independent of the density of the surrounding fluid.
This is because the acceleration of the fluid caused by the force is inversely
proportional to the density and the sound pressure is proportional to the
product of the density and acceleration.

If the force applied to the Fy is of random nature, it is characterized by its
power spectral density Spr(w) and the sound pressure it produces by its power
spectral density S,,(r, ¢, @), as defined in Chapter 3. In this case Eq. (10.39)
takes the form

w cos{p) 2

(N/mi?)? (10.41)
drey

Spp(w= r) QO) = SFF((I),)

and the power spectrum of the radiated sound power takes the form

2

i 2
- 2 Y , 2
Sp(@) = 52 ,(w) l i (N m/s) (10.42)

Response of Bounded Fluid to Point Force Excitation. 1t is instructive to
investigate briefly what effects nearby boundaries have on the sound radiation
pattern and on the sound power radiated by a point force. We will consider

1. the most severe restricting boundaries, surrounding the oscillating rigid
body by an infinitely long (or finite-length but at both ends anechoically
terminated) small-diameter rigid pipe;

2. nigid plane boundaries; and

3. yielding plane boundaries.

Rigid Pipe Surrounding Point Force. Figure 10.10 shows the situation where
a point force of arbitrary orientation is acting in a flmid nside of a pipe of diam-
eter d and cross-sectional area § = d?w/4 = r?m that is anechoically terminated
at both ends. Let the axis of the pipe coincide with the x axis of the Cartesian
coordinate system and let the point force, which acts at x = 0, have components
F., Fy, and F,. [If we place a small rigid oscillating body with known velocity
vp into the tube, we must first determine the oscillatory force Fy according to
Eq. (10.38).] Let restrict our analysis to the frequency range where the acous-
tical wavelength is large compared with the internal diameter of the pipe (i.e.,
A >» d) when only plain sound waves can propagate in the pipe and assume that

A F ’?‘
R ¥
P_ = ‘F'x_ ej‘:‘ < z ‘4— > P, :—""Fx e"j d
- i Fy M)

FIGURE 10.10 Force exerted on the fluid inside of a small-diameter, wmfinitely long, or
on both ends anechoically terminated rigid pipe.
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the near field of the body giving rise to the force is not influenced by the pres-
ence of the pipe (i.e., kl, < d). This is not an unreasonable assumption because
we can always choose a reasonably small size body and compensate for it by
appropriately mcreasing its oscillatory velocity (as long as v, < ¢p) to produce
the same force on the fluid. With these minor restrictions, the sound pressure at

a distance x 3> d the sound pressure p(x) and the power spectrum S, for any
x 3> d will be

x

px) = —p(~x) = (%) e el N/m? (10.43)

Spp(f) = (SF g(f ) ) N/m? (10.44)

Note that Eq. (10.40) signifies that the amplitude of the sound propagating inside
the rigid pipe does not diminish with increasing distance, as was the case when the
point force was acting on an unbounded fluid [see Eq. (10.39)]. Before electroa-
coustical communication was invented, sea captains communicated with distant
crew m the belly of a ship through pipes, as shown 1n Fig. 10.11a, and on the
deck by using an acoustical horn, as depicted in Fig. 10.115.

Equal sound power is radiated toward the right and left and the total sound
power is

DHED/S
e = AED/ST (10.45)
Poco

B

FIGURE 10.11 Passive devices used for voice communication to large distances before
the nvention of electroacoustical devices. (a) Captain gives orders to crew member located
i 4 lower deck. (b) Top: Captain give$ orders to distant crew member on deck using au
acoustical horn. Bottom: Using a horn is equivalent to enlarging the mouth of the speaker
to the size of the downstream cross-sectional area of the horn. ‘
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Str, ()
1S (poco)?

where S§,,,(f) 18 the power spectrum density of the radiated sound power. The
prime notation signifies that the parameter is obtained when the point force is
acting inside a small-diameter (kr < 1) rigid pipe.

The ratio W,/ Wraa 1s 2 measure of the effect that enclosing the force with a
rigid pipe has on the radiated sound power. It is obtained by dividing Eq. (10.45)
by Eq. (10.39), yielding

W’ 67 1 1
Jlrad  f Y - 1047
() ) ]

Equation (10.47) indicates that no sound power is radiated if F, = 0, independent
of how large F, and F, might be. The effect of placing the force inside the pipe
reaches its maximum if the force is aligned with the axis of the tube (ie., F, =
F, = 0) and the value inside the curly brackets is unity. In this case Eq. (10.47)

simplifies to w X ,
g ) Lo (10.48)
WT&G 2 sz

S (f) = N/m? (10.46)

Example 10.2. Calculate the increase in radiated sound power and the sound
power level when an axially oriented force located i a rigid pipe of @ =
2.5 cm = 0.023 m internal radius at a frequency f = 100 Hz at a temperature of
20°C = 68°F.

Solution Utilizing Bq. (10.2), we find ¢y = 342.6 m/s and with the above values
Eq. (10.48) yields

Wia (3/27)(342.6)* 9854

Wae  w(0.025)2(100)2

indicating that the same powt force oriented axially in this rigid tube radiates 2854
times as much sound power than it does in a unbounded fluid. This corresponds
to a 10log)4(2854) = 34.6 dB increase of the sound power level.

10.2 EFFECT OF NEARBY PLANE BOUNDARIES
ON SOUND RADIATION

In this section we only consider entirely rigid and fully yielding plane boundaries.
Other boundaries of practical interest, such as lining the rigid boundary with a
porous sound-absorbing material of finite thickness, is beyond the scope of this
chapter. For guidance in this situation see Chapter 6. The mfinitely rigid plane
boundary 18 approached by an infinitely large, nonporous wall and the fully
yielding plane boundary by the undisturbed horizontal air—water interface. With
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regard to their effect on the sound power radiated by a point force (or by an
oscillating small rigid body), the plane boundaries do not need to be infinitely
large. For practical purposes it is sufficient that they extend, in each direction
from the position of the force, many acoustical wavelengths.

A water tank with practically all boundaries pressure releasing (pressure reflec-
tion coefficient R ~ —1) is realized by lining the retaining sidewalls and the
bottom of the pool with a thin impervious foil with an elastic layer behind. These
pools are the equivalent of reverberation chambers with the important exception
that in this case the sound pressure reflection coefficient R & —1 instead of
R =2 41 in the case of the (air-filled) reverberation chamber. In both cases the
walls have theoretically zero sound absorption coefficient, @ = [1 — |R?|] (see
Chapter 8). As we will show latter, the vicinity of a rigid boundary increases the
sound power output and that of a yielding boundary decreases the sound power

output provided that the sound source 1s less than a half wavelength from the
plain boundary.

Effect of Nearby Plane Rigid Boundaries. Rigid plane boundaries are places
where the particle velocity is zero and the sound pressure doubles. If the sound
source is a small, oscillating, rigid body or a dynamic force acting on the fluid,
the directivity pattern of the image source must have the same strength but a
mirrored directivity pattern of the actual sound source to produce zero particle
velocity in the direction perpendicular to the plane of the boundary and, at the
same time, double the sound pressuret all locations in the plane of the rigid
boundary, as illustrated in Fig. 10.12.

The sound field m the receiver side of the rigid plane boundary can be con-
structed as the superposition of the sound fields that would result from the real
sound source and its mirror image if both were placed in an infinite fluid. Then,
as the sound source approaches the plane nigid interface, the sound field on the
source side approaches that of a single source with doubled sources strength.

f \EJ — Rigid wall
Vi

Air

O ol Q)

FIGURE 10.12  Representation of a plane nigid boundary, such as at air-hard wall
interface, by murroring the original sound source and superimposing the sound field of
the real and in—phase image source in the source-side half space.
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If 1t approaches a rigid two-dimensional corner (i.e., the intersection of two
perpendicular plane rigid surfaces), there will be three collapsing ruirror images
and the sound field in the source-side quarter space approaches that of a simgle
source with 4 times larger source strength. Finally, if the sound source approaches
a three-dimensional corner (the intersection of three perpendicular rigid plane sur-
faces), there will be seven collapsing mirror images and the sound field in the
source-side one-eighth space approaches that of a single source with 8 times the
source strength.

Effect of Nearby Plane Pressure-Release Boundaries. The pressure-
release boundary is well approximated by the plane water—air interface shown
schematically in Fig. 10.13 for the force acting perpendicular to the interface
and Fig. 10.14 when it acts parallel to the interface. For an oblique-incidence
force, the force vector can be decomposed into a component that is perpen-
dicular to the interface and into components that are parallel to the interface.
Consequently, we will investigate the perpendicular and parallel cases only. If
the sound source 18 a small, oscillating, rigid body or a dynamic force acting on
the fluid, the directivity pattern of the image source must have the same strength
but opposite phase and a mirrored directivity pattern of the actual sound source
to produce zero sound pressure on the entire interface and, at the same time,
double the sound particle velocity at all locations in the plane of the pressure
release boundary.

Excitation Is Perpendicular to Pressure-Release Boundary. For the case
shown in Fig. 10.13, where the distance to the interface is small compared to
the wavelength (kd « 1) and the body exerting the force is small (kl, € 1)
and the direction of motion and the force exerted on the fluid are perpendicular
to the plane pressure-release interface, the superposition of the sound pressures
produced by the real source and that produced by its negative mirror image yields

i
§Fi=“Fs
i
I —
{Vi:'vs
d Air
i Y " L PN NV N
T Water
d
|

I

FIGURE 10.13 Representation of a plane pressure-release boundary, such as the water—
air interface, by mirroring the original sound source and the 180° out-of-phase mirror
image superimposing the sound field of the real and image sources in the source-side half
space. Motion is perpendicular to the interface.
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FIGURE 10.14 Representation of a plane pressure-release boundary, such as the water—
air interface, by murroring the original sound source 180° out of phase and superimposing

the sound field of the original sound source and the image in the source-side half space.
Motion is parallel to the interface.

the sound pressure, intensity, and radiated sound power in the liquid obtained by
substituting F = powQh in the respective formulas given by Bies and Hansen!®
for the sound radiation of longitudinal quadrupoles constituted from two dipoles
of strength Qh, where Q is the volume velocity of the monopoles that make up
the dipole and 2 £ is the distance between them:

1 w? 2 1Y .2 2 2
p(r,(p,a))—(f—z-;) (g) Fdcos (qo):(;;—) kE°Fdcos®(g) N/m* (10.49)

100, 0) = (F 24kt cos“(qa)) _ Fid%0* cos'(p)
e @rpoco )T (rypecy

N/m - s (10.50)

4\ F2d%* 4
wo o= (2 {2 \Ng2 2 4. 4 )
- (SW) v (57:) Frdw cos™(p) N -m/fs (10.51D)
wher: pr, @, w) is the sound pressure at distance r at an angle ¢ from the
direction of the motion or from the force at the angular frequency @ == 27 f,

I{r, p, ) 15 the sound intensity in the radial direction from the excitation point,
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Wiaa is the radiated sound power, F is the rms value of the force, and 4 is the
distance between the excitation point and the plain pressure-release boundary
(i.e., the depth of the excitation point in the water.

Note that Egs. (10.49)~(10.51) are valid for both cases:

{(a) A single excitation source is at a distance d from the plane pressure-
release boundary.

(b) Two identical small bodies at a distance 2d oscillate with the same ampli-
tude but opposite phase in an infinite fluid (for practical purposes far
enough from the interface).

Observing Eq. (10.49), note that (1) the radiation pattern is much more directional
than that obtained when the body radiates into an infinite flwid [cos’(g) vs.
cos{g)]; (2) here again the sound pressure is independent of the density of the
fluid; and (3) comparing Eq. (10.49) to Eq. (10.39) reveals that the vicinity of
the pressure-release boundary substantially reduces the efficiency of the sound
radiation at low frequencies. Those familiar with quadrupoles will realize that
Eqgs. (10.49)-(10.51) describe a longitudinal quadrupole constituted either by two
opposing forces of equal magnitude acting on the fluid a short distance 24 apart
or by two equal-size small rigid bodies oscillating 10 opposite directions m a
small distance 2d apart.

Excitation Is Parallel to Pressure-Release Boundary. Figure 10.14 shows
the situation where the excitation is parallel to the plane pressure-release bound-
ary. For this case the sound field descriptors, obtained n a similar manner as for
the longitudinal quadrupole above, are

pr. @, 0) = ( )szd cos(p) sin®(y)  N/m? (10.52)

ncir

2
I(r,(p,‘t;r,a))z(—l—) (—1—> o (FdY? cos?(pysin* () N/m-s (10.53)

pocy /) \mr
4 d 214 Fd 2,4

Wraa = -—-) [(F rk =(——4 )[___,( Jo } N.mis (10.54)
157 Pocy 157 foiterd

Those familiar with quadrupoles will realize that Eqs. (10.52)—(10.54) describe a
lateral quadrupole.

Sound Radiation of Oscillating Moment in Infinite Liquid. An oscillating
moment consists of a pair of oscillating forces which (a) act in the same plane,
(b) have the same magnitude but opposite direction and phase, and (c) are at a
short distance apart.

Observing Fig. 10.14, we realize that the force pair has all the above attributes.
Consequently, if we substitute M 1n place of Fd i Egs. (10.52)-(10.54), the



