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578 VIBRATION ISOLATION 

the honzontal natural frequency of a pendulum system from Eq. (13.3) if one 
replaces X st in that equat:J.on by the pendulum length. Sorne commercial isolation 
systems combine pendulum act10n for horizontal isolation with spring action for 
vertical isolation. 

Various exotic isolation systems have also been investigated or employed for 
special applications. These include systems m which the spnng action is pro­
vided by magnetic or electrostatic levitation or by streams or thin films of gases 
or liquids. 

Active isolation systems (see Chapter 18) have recently received increased 
attention. Such systems essent:J.ally are dynamic control systems m which the 
vibration of the item to be protected is sensed by an appropriate transducer 
whose suitably processed output is used to dnve an actuator that acts on the item 
so as to reduce its vibration. Act:J.ve systems are relatively complex, but they can 
provide better isolation than passive systems under some conditions, notably, 
in the presence of low-frequency disturbances, attenuation of which by passive 
means generally tends to be most difficult. 
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14.1 THE EFFECTS OF DAMPING 

The dynarmc responses and sound transrmss10n charactenstics of structures are 
determmed by essentially three parameters: mass, stiffness, and dampmg. Mass 
and stiffness are associated with storage of kinetic and stram energy, respecti vel y, 
whereas dampmg relates to the dissipation of energy, or, more precisely, to the 
conversion of the mechamcal energy associated with a vibrat10n to a form (usually 
heat) that is unavailable to the mechanical vibrat10n. 

Damping m essence affects only those vibrat10nal mot10ns that are controlled 
by a balance of energy in a vibrating structure; vibrat10nal mot:J.ons that depend 
on a balance of forces are virtually unaffected by dampmg. For example, consider 
the response of a classical mass-spnng-dashpot system to a steady smusoidal 
force. If this force acts at a frequency that is cons1derably lower than the system' s 
natural frequency, the response is controlled by a quas1-static balance between 
the applied force and the spring force. If the applied force acts at a frequency that 
is considerably above the system's natural frequency, the response 1s controlled 
by a balance between the applied force and the mass's inertia. In both of these 
cases, damping has practically no effect on the responses. However, at resonance, 
where the excitation frequency matches the natural frequency, the spnng and 
inertia effects cancel each other and the applied force supplies some energy to 
the system during each cycle; as a result, the system's energy (and amplitude) 
increases until steady state 1s reached, at which time the energy input per cycle 
is equal to the energy lost per cycle due to damping. 

In light of energy considerations like the foregomg, one finds that mcreased 
damping results m (1) more rap1d decay of unforced vibrations, (2) faster decay 
of freely propagatmg structure-borne waves, (3) reduced amplitudes at resonances 
of structures subject to steady periodic or random excitation with attendant reduc­
tions in stresses and mcreases in fatigue life, (4) reduced response to sound and 
increased sound transrmss10n loss (reduced sound transmission) above the com­
c1dence frequency (at which the spatial distribut10n of the disturbing pressure 
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578 VIBRATION ISOLATION 

the horizontal natural frequency of a pendulum system from Eq. (13.3) if one 
replaces Xs1 m that equation by the pendulum length. Sorne commercial 1solat10n 
systems combine pendulum action for horizontal isolation w1th spnng action for 
vertical isolation. 

Various exotic isolation systems have also been mvestigated or employed for 
special applications. These mclude systems in which the spring action is pro­
vided by magnetic or electrostatic levitation or by strea:ms or thin films of gases 
or liquids. 

Active isolation systems (see Chapter 18) have recently rece1ved increased 
attention. Such systems essentially are dynamic control systems in which the 
vibration of the item to be protected is sensed by an appropnate transducer 
whose suitably processed output is used to drive an actuator that acts on the item 
so as to reduce lts vibration. Active systems are relatively complex, but they can 
provide better isolation than passive systems under some condit10ns, notably, 
in the presence of low-frequency disturbances, attenuation of which by passive 
means generally tends to be most difficult. 
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14.1 THE EFFECTS OF DAMPING 

The dynamic responses and sound transmission characteristics of structures are 
determmed by essentially three parameters: mass, stiffness, and damping. Mass 
and stiffness are associated with storage ofkinetic and stram energy, respectively, 
whereas damping relates to the dissipation of energy, or, more prec1sely, to the 
conversion of the mechanical energy associated with a vibration to a form (usually 
heat) that is unavailable to the mechanical vibration. 

Dampmg m essence affects only those vibrational mouons that are controlled 
by a balance of energy in a vibratmg structure; vibrational motions that depend 
on a balance of forces are virtually unaffected by damping. For example, cons1der 
the response of a classical rnass-spring-dashpot system to a steady sinus01da1 
force. If this force acts at a frequency that 1s cons1derably lower than the system's 
natural frequency, the response is controlled by a quasi-statlc balance between 
the applied force and the spnng force. If the applied force acts at a frequency that 
is cons1derably above the system's natural frequency, the response 1s controlled 
by a balance between the applied force and the mass's inertia. In both of these 
cases, dampmg has practically no effect on the responses. However, at resonance, 
where the excitation frequency matches the natural frequency, the spring and 
inertia effects cancel each other and the applied force supplies some energy to 
the system dunng each cycle; as a result, the system's energy (and amplitude) 
increases until steady state 1s reached, at which time the energy mput per cycle 
is equal to the energy lost per cycle due to damping. 

In light of energy cons1derauons like the foregoing, one finds that mcreased 
damping results in (1) more rapid decay of unforced vibrations, (2) faster decay 
of freely propagatmg structure-borne waves, (3) reduced amplitudes at resonances 
of structures subJect to steady periodic or random excitation with attendant reduc­
tions m stresses and increases in fatigue life,. (4) reduced response to sound and 
mcreased sound transllllssion loss (reduced sound transmission) above the coin­
cidence frequency (at which the spatial distribution of the disturbing pressure 
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580 STRUCTURAL DAMPING 

matches that of the structural displacement), (5) reduced rate of buildup of vibra­
tions at resonances, and (6) reduced amplitudes of "self-excited" vibrations, m 
which the vibrating structure accepts energy from an external source (e.g., wind) 
as the result of its vibratory motion. 

14.2 MEASURES AND MEASUREMENT OF DAMPING 

Most measures of damping are based on the dynanuc responses of simple sys­
tems with idealized damping behaviors. Damping measurements typically involve 
observation of some characteristics of these responses. 

Decay of Unforced Vibrations with Viscous Damping 

Many aspects of the behaviors of vibrating systems can be understood in terms of 
the simple ideal linear mass-spnng-dashpot system shown in Fig. 14.1. If tlus 
system is displaced by an amount x from its equilibrium position, the massless 
spring produces a force of magnitude kx tending to restore the mass m toward 
its equilibnum position, and the massless dashpot produces a retarding force of 
magnitude ci:. Here k and c are constants of proportionality; k 1s known as the 
spring constant and c as the viscous damping coefficient. 

If this system 1s displaced from its equilibnum position by an amount Xo and 
then released, the resulting displacemèiit vanes w1th time t as1 

(14.1) 

prov1ded that t < 1. Here q, represents a phase angle, which depends on the 
velocity w1th which the mass is released, and Wn and wd represent the undamped 
and damped radian natural frequencies of the system. These obey 

Wr,, If 2n:fn Wd = (14.2) 

(a) (b) 

F F 

• X 

~ J_ 
kx ex 

FIGURE 14.1 System with smgle of freedom: (a) schematic representation of 
mass-spring-dashpot system or of a vibrational mode of a structure; (b) free-body dia­
gram of mass. Spring produces restonng force kx; dashpot produces retarding force ex. 
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with fn representing the cyclic (undamped) natural frequency. The constant Ç is 
called the damping ratio or fraction of cnttcal damptng; it 1s defined as 

(14.3) 

where Cc 1s known as the critical damping coefficient~ For the small values of Ç 
one usually encounters m practice, wd is suffic1ently close to Wn so that one rarely 
needs to distinguish between the damped and the undamped natural frequencies. 
Furthermore, the foregoing expression for Cùd applies only for viscous dampmg; 
other relations hold for other dampmg models. 

The right-hand side of Eq. (14.1) represents a cosine fonction with an ampli­
tude X0e~{wnt that decreases as time t increases (see Fig. 14.2); its rate of 
decrease is ç Cùn and thus is proportional to Ç. However, Eq. ( 14.1) does not 
apply for values of Ç that equal or exceed umty (or for values of c that equal or 
exceed cc). For such large values of Ç or c one obtains a nonoscillatory decay 
represented by pure exponentlal expressions mstead of the decaying oscillauon 
represented by Eq. (14.1). The critical dampmg qJefficient Cc constitutes the 
boundary between oscillatory and nonoscillatory decays. 

The logarithmic decrement 8 is a convenient, ttme-honored representation of 
how rapidly a free oscillation decays. It is defined by1 

8 
l X, 

-ln-­
N X;+N 

(14.4) 

where X, represents the value of x at any selected peak and X,+N represents 
the value at the peak at N cycles from the aforementioned one. lt follows from 
Eq. (14.1) that 8 2rrÇ. 

X 

FIGURE 14.2 Time vanatton of displacement of mass-spnng-dashpot system released 
w1th zero velocity from initial displacement Xo. Light curve: Undamped system 
(c s = O); amplitude remains constant at Xo. Heavy curve: Damped system 
(0 < c < cc; 0 < s < l); amplitude decreases according to x Xoe-?'w,t, whrch 1s 

represented by upper dashed curve. Lower dashed curve corresponds to x -Xoe-t 0
"

1 

Amplitudes X, and illustrate values that may be used to calculate logarithnnc 
decrement from Eq. (14.4) for N 2. 
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The utility of loganthnuc measures of oscillatory quantities has long been 
recognized m acoustics, and definitions analogous to acousucal levels have corne 
into use m the field of vibrations, particularly in regard to measurement. For 
example, one may define the displacement level Lx, in decibels, corresponding 
to an oscillatory displacement x(t) in analogy to sound pressure level, as 

(14.5) 

where Xref denotes a (constant) reference value of displacement. One may then 
define a decay rate t::,, in decibels per second, and find that for a v1scously damped 
system2 

dLx 
.Ô. 8.69Ç Ct>n = 54.6Çjn (14.6) 

dt 

Also m analogy to acousucs, one may define the reverberation time T60 as the 
time it takes for the displacement level to decrease by 60 dB; thus, 

1.10 

Un 
(14.7) 

Because velocity and acceleration levels may be defined in full analogy to the def­
inition of displacement level m Eq. (14.5), the decay rate and reverberation time 
expressions of Eqs. (14.6) and (14.7) àîsô' apply to these other vibration levels. 

If any extended structure that 1s not too highly damped vibrates in the absence 
of extemal forces at one of 1ts natural frequencies, all pomts on that structure 
move either in phase or in opposite phase with each other, and the structure 1s 
sa1d to vibrate in one of its modes. In addition to the modal natural frequency, 
there corresponds to each mode a modal mass, a modal stiffness, and a modal 
damping value. With the aid of these parameters the behav10r of a modal vibration 
may be described in terms of that of an eqmvalent simple mass-spnng-dashpot 
system.1•3,4 Thus, al1 of the foregoing discussion concerning this snnple system 
also applies to structural modes. 

Of course, extended structures also can exlrib1t wave motions at a given fre­
quency in which ail points are not in or out of phase ,vith each other. Such 
motions, wh1ch can be described in terms of freely propagating waves, also 
decrease due to damping. For flexural waves on a beam or for nonspreading 
(straight-crested) flexural waves on a plate, the spatial decay rate t,.À., defined as 
the reduction in vibration lev el per wavelength, obeys2 

!:-,.À 27 .2Ç in decibels 
per wavelength. 

Steady Forced Vibrations 

If the system of Fig. 14.1 is subject to a sinusoidal force F (t) = F cos wt, then 
Its equation of motion may be written as 

mx+cx+kx F(t) Fcoswt (14.8) 

MEASURES AND MEASUREMENT OF DAMPING 583 

One may find its steady-state solution by substituting x(t) = X cos(cvt - 4>) and 
solvmg for X and q;. Altematively, one may obtain this solution by taking x(t) 
ReLXe1wtJ, where j = and the complex amplitude or phaso; X= xe-j</J 
mdicates both the amplitude and the phase of the vibration.* In terms of phasors 
(and ormtting the writing of "Re"), the equation of motion may be written as 

(-mw 2 + JCùC + k)X (k mw 2)X = F (14.9) 

In the foregoing there has been introduced the complex stiffness 

k = k + J WC k + k; = k ( 1 + ~:i ) (14.10) 

which includes mformaüon about the system's damping as well as aboutit stiff­
ness. By means of e1ther solution approach one may determine that 

X X 1 

F/k Xst ✓Cl -r2)2 + (2rÇ)2 
tan</) (14.11) 

where r = w/wn. 
The deflectJ.on Xst = F / k, which was mtroduced in order to obtain a nondi­

mensional expression, 1s the quasi-static or zero-frequency deflection that the 
system would expenence due to a statically applied force of magnitude F. The 
raüo X/ Xst, which indicates by what factor the amplitude under dynamic exci­
tation exceeds the quas1-static deflection, is called the amplification. 

The foregoing response expressions (and related ones that mvolve velocity V 
or acceleration A instead of displacement) depend on dampmg; thus, dampmg 
data may be extracted from corresponding measurements. Two w1dely used mea­
sures of damping may be denved readily from the amplification expressions of 

(14.11), a plot of which is shown in Fig. 14.3. One 1s the amplification at 
resonance, conventJ.onally represented by the letter Q and often simply called 
"the Q" of the systern.2 This corresponds to the value of X/ Xst that results if 
the excitation frequency w 1s equal to the natural frequéncy Cûn and 1s related to 
the v1scous dampmg rat10 by Q = 1 /2Ç The second cornmonly used measure 1s 
the relative bandwzdth b = ,6.w / Wn ~ l / Q, where /.lw represents the difference 
between the two frequencies' (one below and one above Cùn; see Fig. 14.3) at 
which the amplification is equal to Q / ,./2. 

In view of Eq. (14.11), the phase lag if; also provides a measure of dampmg. It 
is particularly convement to use phase mforrnation in "Nyquist plots," that 1s, in 
plots. of the real and imaginary parts of responses at a number of frequencies, as 
illustrated m Fig. 14.4. These plots are circles or nearly circles, with a diameter 
that 1s equal to Q if the plots are appropriately nondimensionalizect.5,6 

*Note that eJz = cos z + j sin z for any real number z. The amplitude X IS equal to the absolute 
value of the phasor; that rn, X = IXJ. 
tThese frequencies often are called the half-power points because at these the energy stored m 
the system (and that diss1pated by it), wh1ch 1s propomoru.11 to the square of the amplitude [see 
Eq. (14.6)], 1s half of the maximum value. 
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FREQUENCY RATIO wh.>n 

FIGURE 14.3 Steady-state response of mass-spring-dashpot system to smusoidal 
force. See Eq. (14.11): Q = value of amplification X/ Xsi at resonance. Relative 
bandw1dth b = l':,w / Wn 1s detemuned from "half-power pomts," that is from freqnenc1es 
at whlch response amplitude is 1/,,/2 limes the maxnnum. 

If the system of Fig. 14.1 (or a structural mode modeled by it) 1s subject to 
a broadband force (or broadband modal force) rather than a single-frequency 
sinusoidal force, then the mean-square displacement x2 of the mass is given by7 

"·~,~ 

1 

2t 
(14.12) 

where S F ( m) denotes the spectral density of the force in terms of radian frequency 
(i.e., the value of excitation force squared per u111t radian frequency interval). Note 
that the spectral density in cyclic frequency obeys S F (f) 2:rc S F ( w). The fore­
gomg equation is exact for excitations with spectral densities that are constant for 
all frequenc1es. It 1s a good approximation for excitations wlth spectral densities 
that vary only slowly 111 the vicrmty of the system' s natural frequency wn; the 
spectral density value to be used m the equation then is that corresponding to w,,. 

Energy; Complex Stiffness 

All of the measures of damping discussed so far are based on the motmns of 
simple systems. However, since damping pertains to the dissipation of energy, 
damping measures that relate to energy are more basic and more general. 

The damping capaczty 1/1 is defined as the ratio of the energy that is diss1pated 
per cycle to the total energy present in the vïbrating system. The loss factor lJ 
1s defined sunilarly as the ratio of the energy that 1s dissipated per radian to the 
total energy. If D denotes the energy diss1pated per cycle and W the total energy 
m the system, then 

1/1 D 
lJ = 2n 2:rcW (l 4.l3) 

(a) 

I 
1 
1 
1 
\ 

(b) 

/ 
I 

\ 
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FIGURE 14.4 Nyqu1st plots of nondimensional responses of viscously and structurally 
damped mass-spring-damper systems. (a) Real and 1magmary parts of amplification 
X/ X,t• (b) Real and imaginary parts of mobility Vk/ Fwn V cc/2F Amplification plot 
for structural dan1ping and mobility plot for viscous damping are exact circles; others are 
approximate circles that become more nearly circular with decreased damping. Diameter 
is exactly or approxmiately equal to Q. Figure plots correspond to t; = 0.2, r, 0.4. 

These express10ns apply for any damping mechamsm. However, lt is interesting 
to relate them to the special case of a viscously damped mass-spnng-dashpot 
system like that of Fig. 14.1. In this system the energy diss1pated corresponds 
to the work that 1s done on the dashpot, and one may readily deterrmne that 
the energy diss1pated per cycle in a steady vibration at radian frequency w and 
displacement amplitude X obeys D = :rc wc X2

. The total energy W stored by the 
system cons1sts of the kmetic energy Wkin of the mass and the potential (or stram) 
energy Wpot in the spring. If the energy diss1pated is small compared to the total 
energy stored, then W is approximately equal to the energy stored m the spring 
when the kinetic energy is zero-that 1s, when the spring is displaced to the full 
extent of its amplitude-and W Wkin + Wpot ~ kX 2 /2. 
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Thus, one finds by use of Eqs. (14.3) and (14.13) that for a viscously damped 
system 

2Çw 
= 2rl; 

Wn 

From (14.10) one finds that 

k k(I + Jr,) k;/ k r, 

(14.14) 

(14.15) 

Equation (14.14) indicates that for the particular case of a viscously damped 
system the loss factor is proportional to the frequency. In cases where the loss 
factor exhibits some other frequency dependence, Eqs. (14.13) and (14.15) still 
apply-and Bq. (14.11) holds if 2rÇ is replaced by r,. These equations then 
permit one not only to consider the case of structural dampzng, which is char­
acterized by a constant loss factor, but also to take into account experimentally 
determined frequency variations of the loss factor. 

Interrelation of Measures of Damping 

The following relations apply at al1 frequencies: 

1/1 
r, = 

2rr 
-'-··<$ 

but the relations of (14.16b) are exact only at resonance: 

and 

For systems w1th viscous dampmg, 

r, ~ b for small dampmg 

Ll" 
13.6 

(14.16a) 

(14.16b) 

(14.16c) 

For systems with small dampmg, one may take r, ~ 2Ç, consider that the system 
behaves approximately like a viscously damped one, and use the relations of 
Eq. (14.16c). 

Measurement of Damping 

Most approaches to measurement of the damping of structures are based on 
the previously discussed responses of simple systems, which, as has been 
mentioned, also correspond to those of structural modes. However, unlike 
mass-spring-dashpot systems, structures have a multiplicity of modes and 
corresponding namral frequenc1es. Therefore, many of the approaches applicable 
to simple systems can be applied only to structural modes whose responses can 
be separated adequately from those of all others because .of differences in their 
natural frequencies or mode shapes. 
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Measurement of logarithmic decrement 8 typically is applicable only to the 
fundamental modes of structures for which a clear record of the amplitude-versus­
time trace can be obtained. If more than one mode is present, their decaymg 
responses are superposed and the record becomes difficult to interpret. 

The counting of peaks that 1s reqmred for detennmation of the loganthmic 
decrement from Eq. (14.4) is not needed if one focuses on the decaying signal's 
envelope. For purposes of evaluating th1s envelope it is particularly convenient 
to use a display of the logarithm of the rectified amplitude versus tlme. Rectifica­
tion 1s needed because the logarithm of negative numbers 1s undefined. In such a 
logarithimc display the envelope becomes a straight line whose slope 1s propor­
tional to Çwn and thus to the decay rate. Not only does"measurement of the slope 
enable one to evaluate the dampmg, but also observation of deviations of the 
envelope from a straight line permit one to JUdge whether the structure's damp­
mg is mdeed viscous and amplimde-independent and whether a superposition of 
responses w1th different decay rates is present. 

Determination of decay rates is useful also in frequency bands in wh1ch a 
multitude of modes are excited. A typ1cal measurement here mvolves excitation 
of a structure by a broadband force in a given frequency band, cutting off the 
excitation, then observing the envelope of the logarithm of the rectified signal 
obtained by passmg the output of a transducer (usually an accelerometer) through 
a bandpass filter* tuned to the excitation band. The center frequency of this 
passband may be taken to represent Wn for all modes m the band. Some JUdgment 
in mterpreüng the resulting envelopes and averagmg of results from repeated 
measurements is generally requ1red because different modes in the band may 
exhiblt somewhat different decays. 

A concepmally straightforward approach to measunng the dampmg of a struc­
mre involves the application of Eq. (14.13) to observed values of the energy 
dissipation and total vibrational energy W present m a structure in the steady 
state.8 The structure is excited via an impedance head or a similar transducer 
arrangement that measures the force and motion at the excitation point. The 
mstantaneous force and velocity values are multiplied and the product is time 
averaged to yield the average energy input per unit tlme, which is equal to the 
energy diss1pated per umt tille under steady-state conditions. For a grven exci­
tation frequency f. the energy D dissipated per cycle is equal to 1/ f times the 
energy dissipated per unit time. 

The energy W stored m the structure may be deterrnined from its k:metic 
energy, which .g:iay be calculated from mformation on its mass distribution and 
from velocity values measured by a suitable array of accelerometers or other 
motion transducers. This measurement approach requires particular care in instru­
mentation selection and calibration, but it has a significant advantage: Because 
1t involves direct measurement of the dissipated energy, it does not rely on any 

"The filter' s response must be fast enough so tllat 1t can follow the decaymg signal; otherw1se one 
observes the decay of the filter response mstead of that of the structural vibrat10n. Filters with wider 
passbands need to be used to observe the more rapid decays assoc1ated with greater ctamping. 



588 STRUCTURAL DAMPING 

partlcular model of dissipation. It also permits one, for example, to mvestigate 
how the loss factor varies with amplitude. 

Force-and-motion transducer combinations may also be employed for the 
direct measurement of complex impedance or mobility (or of other force-motion 
ratios), from which damping mformation may be extracted, typically on the basis 
of Nyqmst plots. Much corresponding specialized modal testzng or modal param­
eter extractzon instrumentation and software has recently become available. 

Simple steady smusmdal response measurements may also be made to measure 
Q and the half-power point bandwidth b directly on the basis of therr definitions. 
These measurements require particular care to ensure that the near-resonance 
response of the mode of mterest 1s not affected significantly by the responses of 
other modes with resonance frequencies near that of the mode of mterest. 

14.3 DAMPING MODELS 

Analytical Models 

Most of the foregoing discussion has dealt with "viscolls" damping, where energy 
dissipation results from a force that is proport10nal to the velocity of a vibrating 
system and that acts opposite to the velocity. This viscous model of damping 
action has been used most widely because lt results in relatively simple lin­
ear differential equations of system motion and because 1t yields a reasonable 
approximation to the action of some reaLsystems, particularly at small amplitudes. 

••. ,! 

Among the many other models that have received considerable attention, most 
also involve a motion-opposmg force that is a function of velocity. In dry friction 
or Coulomb damping, the force 1s constant m magnitude (but changes its alge­
braic sign when the velocity does). In square law and power law damping the 
force magrntude 1s proportlonal to the square or to some other power of veloc­
ity. Of course, modem numerical methods also permit one readily to analyze 
models involving other veloc1ty dependences, such as one might obtain from 
corresponding expenments. 

Whereas m v1scous dampmg the retarding force is proportional to the velocity, 
in structural dampzng the retarding force is proport10nal to the displacement. As 
has been mentioned, structural damping is characterized by a constant loss factor 
T/ and the dimensionless response relation for a system with structural damping 
1s g1ven by Eq. (14.11) with 2rz; replaced by TJ. Because of the difference in 
the retarding forces, a structurally damped system behaves differently from a 
viscously damped one, except near the natural frequency. The structural damping 
model is often extended to loss factors that vary with frequency as determined 
from expenmental data. With the appropnate frequency dependence of the loss 
factors, the structural damping model can be made to represent the sinusoidal 
response of viscously damped systems-and, indeed, of any system whose loss 
factor is mdependent of amplitude.* 

*Cautlon 1s reqmred if one wants to undertake transformations from the frequency to the trme ctomain. 
Not ail conceivable frequency vanatlons of the Joss factor lead to phys1cally realizable results; e.g., 
some imply system motions that begin before application of a force.9 
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Applicability of Models 

If one desrres to determme the precise response of a system to a prescribed exci­
tat10n, one generally needs to have a complete description of all forces, including 
the damping forces; that is, one needs a dainpmg model that corresponds to the 
actual system. This is true, for example, if one wants to study the "wave shape" of 
the motion of a screeching brake or a chattering tool or if one needs to determine 
the response of a system to a trans1ent, such as a shock. 

In many practical instances, however, the details of the system's motion are 
of no mterest and only the amplitudes are of concem. As has been méntioned, 
under steady resonant or free decay conditions (and in a few other situations), 
the amplitudes are established essentially by the energy m the system. For such 
conditions, the details of the damping model are urnmportant as long ~as the model 
gives the correct energy dissipation per cycle. It is for th1s reason thaLmeasures 
of dampmg that mvolve only energy cons1derations have found wide acceptance. * 

14.4 DAMPING MECHANISMS AND MAGNITUDES 

Since dampmg mvolves the convers10n of energy associated w1th a vibration to 
other forms that are unavailable to the vibrat10n, there are as many damping 
mechanisms as there are ways to remove energy from a vibratrng system. These 
include mecharnsms that convert mechanical energy into heat, as well as others 
that transport energy away from the vibratmg system of concem. 

Energy Dissipation and Conversion 

Material damping, mechanzcal hysteresis, and interna[ frictzon refer to the con­
version of mecharncal energy into heat that occurs w1thin materials due to 
deformations that are imposed on them. This conversion may result from a vari­
ety of effects on the molecular, crystal lattice, or metal grain level, rncluding 
magnetic, thermal, metallurg1cal, and atornic phenomena. 10 Figure 14.5 indicates 
the ranges of the loss factors reported for some common materials. 

Damprng of a vibratrng structure may also result from friction associated with 
relative mot10n between the structure and solids or flmds that are m contact 
w1th it. Also, an electrically conductive structure moving in a magnetic field 1s 
subJect to dampmg due to eddy currents that result from the motion and that are 
converted mto heat. 

A granular material, such as sand, placed in contact w1th a vibrating structure 
tends to produce damping by two different mechanisms. At small amplitudes, 
dampmg results predorninantly from interaction of aspenties on adjacent grams 
and the attendant energy loss due to mechamcal hysteres1s. At large amplitudes, 

*Eqmvalent v1scous dampmg, defined as v1scous damping that results in the same energy diss1pat1on 
as the damping actually present m the system, is often used in analyses. This dampmg mode! 
obv10usly should not be used where details of the system motlon are of concem. 
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FIGURE 14.5 Typical ranges of matenal loss factors at small strams, near room tem­
perature, at audio frequencies. The loss factors of metals tend to mcrease w1th strain 
amplitnde, part1cularly near the yield pomt, but the loss factors of plastics and rubbers 
tend to be relatrvely independent of strain amplitude up to strains of the order of umty. 
The loss factors of some materials, part1cularly those that can flow or creep, tend to vary 
markedly w1th temperature and frequency. 

dampmg results predormnantly from impacts between the structure and the grams 
or between grains; these nnpacts produce high-frequency vibrations of the struc­
ture and of the granular rnatenal, and the energy that goes into these vibrations 
(which eventually is converted to heat) is no longer available to the structural 
vibrations of concem.11 hnpact dampers, m which a small element is made to 
rattle agamst a vibrating structure, s1milarly rely on conversion of the energy of 
the vïbrating structure to higher frequency vibrations. 
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Camping due ta Boundaries and Reinforcements 

For panels or other structural components that may be considered as uniform 
plates, one may estimate the loss factor T/b associated. w1th energy loss at the 
panel boundaries, due to both energy transport to adjacent panels and dissipation 
at its boundaries, from mformation on the boundary absorption coefficients.12 For 
a panel of area A vibrating at a frequency at which the flexural wavelength À on 
the panel is considerably shorter than a panel edge, this loss factor 1s given by 

À 
T/b = LY;L. (14.17) 

where Yi denotes the absorption coefficient.of the ith boundary mcrement whose 
length is L, and where the summation extends over all boundary increments. 

At frequency f the flexural wavelength on a homogeneous plate of thickness 
h of a material w1th longitudinal wave speed ci and Poisson's ratio v is g1ven 

by À= ✓(n/../3)hci/f(l - v2). 

The absorption coefficient y of a boundary element 1s defined as the fraction 
of the panel bending-wave energy impinging on the boundary element that is 
not retumed to the panel. Although the absorption coefficient values associated 
w1th a g1ven boundary element rarely can be predicted well analytically, they 
can often be determined expenmentally. For example, one might add a boundary 
element of length Lo to a panel, measure the resulting loss factor mcrease ilrJ 
at various frequencies, and calculate the absorption coefficient values y0 of this 
boundary element from Yo (i::,.rJ)n2 A/ÀLo, wh1ch follows from Eq. (14.17). 
Both (14.17) and the expression for y0 are based on the assumption that 
the absorption coefficient of a boundary element 1s independent of 1ts length, an 
assumption that generally holds true if the wavelength À is cons1derably smaller 
than the element length . 

Equation (14 .17) also permits one to account for the damping effects of linear 
discontinmties, such as seams or attached remforcing beams, on panels, pro­
vided one knows the corresponding absorption coefficients. Since plate waves 
can impinge on both sides of a discontinuity located within the panel area, for 
such a discontinuity location one needs to use m Eq. (14.17) twice the actual 
discontinmty length. 

The energy that bean1s or reinforcements attached to a panel eau diss1pate, and 
thus the dampmg they can produce, depends markedly on the fastemng method 
used. Metal beams attached to metal panels or seams in such panels generally 
produce little dampmg if they are continuously welded or joined by means of 
a adhesive. However, they can contribute significant damping if they are 
fastened by a flexible, dissipative adhes1ve or if they are fastened at only a number 
of points, for example, by rivets, bolts, or spot welds. At high frequenc1es, at 
whlch the flexural wavelength on the panel is smaller than the distance between 
fastening points, dampmg results predominantly not from interface friction but 
from an "air-pumprng" e:ffect produced as adjacent surfaces (at locations between 
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the connection points) move away from and toward each other. Energy loss here 
is due to the viscos1ty of the air or other fluid present between the surfaces.13- 15 

The lngh-frequency absorption coefficient corresponding to a beam that is 
fastened to a panel at a multitude of pomts may be estrmated from the experi­
rnental results summanzed m Fig. 14.6, winch shows how the beam's reduced 
absorption coefficient Yr varies w1th reduced frequency fr or with the ratio d/À 
of fastener spacing to plate flexural wavelength. These reduced quantities, defi­
nitions of winch are given in the figure, account for the absorption coefficients' 
dependence on beam width w, plate thickness h, fastener spacing d, and longitu­
dinal wave speed cL in the plate matenal by relating these to reference values of 
these parameters (indicated by the subscript 0). It should be noted that Fig. 14.6 
pertains to panels immersed m air at atmosphenc pressure; lesser absorption coef­
ficient values apply for panels at reduced pressure and h1gher values for panels at 
greater pressures. A theory 1s available13 to account for the effects of atmosphenc 
pressure changes and for other gases or liquids present between the contactmg 
surfaces. 

Damping due to Energy Transport 

Structural Transmission. Energy that 1s transported away from a vibratmg 
structure constitutes energy lost from that structure and thus contributes dampmg. 
Energy transport may occur to neighboring structural elements or to fluids in 
contact w1th the vibrating structure. 
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For example, a panel that 1s part of a multipanel array (such as an arrcraft 
fuselage) 1s damped not only due to energy dissipat10n within the panel but also 
due to energy transport to adjacent panels. Energy transport makes it very diffi­
cult in practice to measure the dissipative damping of a structural component that 
is connected to others. Energy transported via the supports of test samples also 
tends to contaminate laboratory measurements of dissipative damping, poten­
tially introducing large errors in measurements on samples',With small inherent 
damping. • 

If a structural element is attached to a vibrating structure at a given point, then 
the energy D that 1s transported to the attached structure per cycle at frequency 
j 1s given by 

vf Re[ZA] 1 ZA -
2 

D = --=--- 1+ 
2f Zs. 

(14.18) 

Here Vs denotes the amplitude of the veloaity of the vibrating structure at the 
attachment pomt before the added structure is attached; Z A denotes the dnving­
point impedance of the attached structure, and Zs denotes the impedance of the 
vibrating structure at the attachment pomt (with both impedances measured m 
the direction of Vs). The loss factor contribution due to an attached structure 
then may be found by use of Eq. (14.13). 

A waveguide absorber 1s a damping device that is mtended to conduct energy 
away from its attachment point and to diss1pate that energy. Such an absorber 
consists essentially of a structural element along which waves can travel and 
winch includes means for dissipating the energy transported by these waves. 
For example, a long slender beam (which may be straight or coiled in some 
fashion) that is made of a lnghly damped plastic or coated with a high-dampmg 
material may serve as a waveguide absorber at frequencies cons1derably above 
lts fondamental resonance. To be effective, a wavegmde absorber must support 
waves in the frequency range of interest, it must be attached at a point where the 
vibratmg structure moves w1th considerable amplitude, and its impedance must 
be such that it does not excessively reduce the vibrating structure' s motion at the 
attachment point.16 

A tuned damper, often also called a dynamic absorber or neutralizer, may be 
visualized as a mass-sprtng-damper system whose spring base 1s attached to a 
pomt on a vibrating structure. In the region near its natural frequency a tuned 
damper tends to impede the motion of the attachment pomt and to dissipate 
considerable energy; outs1de th1s frequency region, the dan1ping effect of such a 
damper typ1cally is small. Any system, such as a beam or plate, which exhibits 
a resonance at the frequency of concern, can act as a tuned <lamper at tbat 
frequency. Cons1derable damping of a plate over a relatively wide frequency 
range can be obtained by distributmg a number of small tuned dampers w1th 
slightly different natural frequenc1es over the plate surface.17 

Sound Radiation. Sound radiated by a vibratmg structure transports energy 
from the structure and thus contributes dampmg. For a homogeneous panel of 
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thickness h and material dens1ty Pp, one may calculate the panel's loss factor 
1J R at frequency f due to sound radiation from one side of the panel from its 
radiation effic1ency cr by use of the relation14 

p C 
/JR = ----cr 

Pp 2n:fh 
(14.19) 

where p and c denote the dens1ty of the ambient medium and the speed of sound 
in lt, respectively. If the panel can radiate from both of its sides, 1JR 1s twice 
as great as indicated by Eq. (14.19). The magnitude of the radiation efficiency 
cr depends on the vibratory veloc1ty distribution on the panel, as well as on 
frequency, and thus generally 1s different for different excitation distributions. 

For a plate that has little inherent damping and that is excited at a smgle pomt, 
the radiation effic1ency cr obeys18 

Œ 

for f « fc 
forf=fc 
for f » fc 

(14.20) 

where A denotes the panel's surface area (one side), U 1ts circumference, and fc 
the coincidence frequency. This frequency, wh1ch is defined as that at which the 
plate flexural wavelength is equal to the acoustical wavelength in the ambient 
medium, is given by fc ~ c2 /l.8hcL, where CL represents the longitudinal wave 
speed in the plate material. More detailed infonnat10n on radiation efficiency is 
provided in Chapter 11. Equation (14.20) may be used for the general estimat10n 
of radiation efficiency values for plates that are not too highly damped. This 
equatlon also prov1des a reasonable estimate of the radiation effic1ency of rib­
stiffened plates if tw1ce the total rib length 1s included in the circumference U, 

14.5 VISCOELASTIC DAMPING TREATMENTS 

Viscoelastic Materials and Material Combinatîons 

Materials that have both damping (energy dissipat10n) and structural (strain 
energy storage) capability are called "v1scoelastic." Although vrrtnally all mate­
rials fall into this category, the term is generally applied only to matenals, such 
as plastics and elastomers, that have relatlvely high ratios of energy dissipation 
to energy storage capability. 

Structural materials with lngh strength-to-weight ratios typ1cally have little 
mherent darnping, as 1s evident from Fig. 14.5, whereas plastics and rubbers that 
are highly damped tend to have relatively low strength. This crrcumstance has 
led to the consideration of combinations of h1gh-strength materials and high­
darnping viscoelastic materials for applications where both strength and damping 
are required. Addit10ns of viscoelastic matenals to structural elements have corne 
to be known as viscoelastic dampmg treatments. 
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If a composite structure is deflected, 1t stores energy via a variety of deforma­
tlons (such as shear, tension and compression. flexure) m each structural element. 
If lJ; denotes the loss factor corresponding to the ith element deformation and 
W; represents the energy stored in that deformatlon, then the loss factor 7/ of the 
entire structure obeys19 

(14.21) 

where Wr = L W1 denotes the total energy stored in the structuré. 1J1e foregomg 
expression indicates that the loss factor lJ of the composite structure is equal 
to a we1ghted average of the loss factors corresponding to ail of tlie element 
deformat10ns, with the energy storages serving as the weightlng factors. This 
expression also leads to an important conclus10n: An element deformation can 
make a significant contribut10n to the total loss factor only if (1) the loss factor 
associated with it 1s significant and (2) the energy storage associated with 1t is a 
s1gnificant fraction of the total energy storage.* 

Mechanical Properties of Viscoelastic Materials 

Because viscoelastic materials have both energy storage and energy dissipation 
capability, it is converuent to describe their behavior m terms of elastic and 
shear moduli that are complex quantities, m analogy to the defimtion of the 
complex stiffness introduced in Eq. (14.10). The complex Young's modulus E 
of a material, defined as the ratio of the stress phasor to the strain phasor, may 
be written as10 E ER+ j E 1 ER(l + JlJE), where the real part is called 
the storage modulus, the imaginary part E 1 is called the loss modulus, and the 
loss factor 1JE associated with Young's modulus is equal to E 1 /ER.A completely 
analogous definition applies to the complex shear modulus.î 

For plastics and elastomers, the viscoelastic materials of greatest practical 
interest, the real and imaginary moduli as well as the loss factors vary con­
siderably with frequency and temperature. However, these parameters usually 
vary relaüvely little with strain amplitude, preload, and agmg.10 The loss factor 
associated with the shear modulus typically 1s equal to that associated with the 
Young's modulus for all practical purposes, so that one generally need not distin­
guish between the two. Also, since most of the viscoelastic matenals of practlcal 
interest are v1rtnally mcompressible, the shear modulus value 1s nearly equal to 
one-third of the corresponding Young's modulus value. One may also note that 
often 1J1 « l, so that [El~ ER. 

*Equation (14.21) applies prec1sely only for cases where ail energy storage elements are deflected 
in phase, so that they reach theJr maximum energy storages at the same mstant. 
t An advantage of the complex modulus representat10n is the ease with which it enables one to 
incorporate ctamping m an analys1s. One merely needs to replace the real modulî m the undamped 
formulation of a problem by the corresponcting complex moduli-or, equivalently, to replace the 
real stiffnesses by the corresponding complex stiffnesses-to obtam a formulation of the problem 
that mcludes dampmg. This approach applies for lumped-parameter dynam1c systems as well as for 
continuons systems and eau take account of different values of damping in different elements and 
matenals. 
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Figure 14.7 shows how the (real) shear modulus and loss factor of a typical 
viscoelastic material vary with frequency and temperature. At low frequencies 
and/or high temperatures, the material is soft and mobile enough for the strain to 
follow an applied stress without appreciable phase shift so that the damping is 
small; the material is said to be in its "rubbery" state. At high frequencies and/or 
low temperatures, the material is stiff and immobile, may tend to be brittle, is 
relatively undamped, and behaves somewhat like glass; 1t 1s said to be in its 
"glassy" state. At mtermediate frequencies and temperatures, the modulus takes 
on intermediate values and the loss factor is highest; the material 1s said to be in 
its "transition" state. 

This material behav1or may be explamed on the basis of the interactions of the 
long-chain molecules that constitute polymenc materials. At low temperatures, 
the molecules are relatively inactive; they remain "locked together," resulting 
in high stiffness, and because they move little relative to each other, there is 
little mtermolecular "friction" to produce damping. At high temperatures, the 
molecules become active; they move easily relative to each other, resulting m low 
stiffness, and because they interact little, there is agam little energy dissipation 
due to mtermolecular friction. At intermediate temperatures, where the molecules 
have mtermediate relative motion and mteraction, the stiffness also takes on an 
mtermediate value and the loss factor 1s greatest. A similar discuss10n applies to 
the effect of frequency on the material propertles, witll the inertia of the molecules 
leading to the1r decreasing mobility and interaction with increasmg frequency. 
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FIGURE 14.7 Dependence of shear modulus and loss factor of a polyester plastic 
on frequency and temperature20: (a) functions of frequency at constant temperature; 
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The observation that there exists a temperature-frequency equivalence, namely 
that an appropriate temperature decrease produces the same effect as a given fre­
quency increase. has led to the development of convenient plots in which data for 
the frequency and temperature variations of each matenal modulus collapse onto 
single curves. 10

,21 This collapse 1s achieved by plotting the data against a reduced 
frequency fR f œ (T), where œ (T) is an appropriately selected functlon of tem­
perature T. In presentations of data m this fonn the fonction a(T) may be given 
analytically, m a separate plot or, as has recently been standardized22,23, in the 
fonn of a nomogram that is superp_osed on the reduced data plot. Figure 14.8 
is an illustration of such a plot and nomogram; its use 1s explamed m the 
figure' s legend. 

Data on tlle properties of damping matenals are available from knowledgeable 
suppliers of these materials. Compilations of data appear in references 10, 21, 
and 24. Key information on some of these matenals appears in Table 14.1 in a 
form that is useful for prelimrnary matenal comparison and selection for specific 
applications in keeping with the concepts discussed in the later portions of this 
chapter. For each listed material the table shows the greatest loss factor value 1Jmax 
exhibited by the material and the temperatures at which thls value is obtained at 
three frequencies. The table also lists three values of the modulus of elasticitv: 
Emax, the greatest value of Young's modulus, applies at low temperatures (i.;., 
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FIGURE 14.8 Reduced frequency plot of elastic rnodulus E and loss factor r/ of "Syl­
gard 188" silicone potting compound. (After Ref. 25) Pomts mdicate measured data to 
wbich curves were fitted. Nomograph superposed on data plot facilitates deterrrunation of 
reduced frequency f R corresponding to frequency f and temperature T" Use of nomogram 
1s illustrated by dashed lines: For f = 15 Hz and T = 20°C, one finds fR = 5 x 103 Hz 
and E 3.8 x 106 N/m2, îJ = 0.36. 
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TABLE 14.1 Properties of Sorne Commercial Damping Materials" 

Maxunum Temperature 
Loss (°Fl Elastic 

Factor for 1'/max at Moduli (psi)" 

Material 1'/max 10 Hz 100 Hz 1000 Hz Emax Ermn Ecrans E1,max 

Antiphon-13 1,8 25 75 120 3e5 l.2e3 L9e4 3.e3e 
blachford Aquaplas 0,5 50 80 125 l.6e6 3e4 2,2e5 1.le5 
Barry Controls H-326 0.8 -40 -25 -10 6e5 3e3 4.2e4 3.4e4 
Dow Coming Sylgard 188 0.6 60 80 110 2.2e4 3e2 2.6e3 l.5e3 
EAR C-1002 l.9 23 55 90 3e5 2e2 7.7e3 l.5e4 
BAR C-2003 LO 45 70 100 8e5 6e2 2.2e4 2.2e4 
lord LD-400 0.7 50 80 125 3e6 3.3e3 le5 7e4 
Soundcoat DYAD 601 1.0 15 50 75 3e5 l.5e2 6.7e3 6.7e3 
Soundcoat DYAD 606 1.0 70 100 130 3G5 l.2e2 6e3 6e3 
Soundcoat DYAD 609 1.0 125 150 185 2e5 6e2 l.le4 1.le4 
Soundcoat N 1.5 15 30 70 3e5 7el 4.6e3 6.9e3 
3M ISD-110 1.7 80 115 150 3e4 3el le3 l.7e3 
3M ISD-112 1.2 10 40 80 1.3e5 8el 3.2e3 3.9e3 
3M ISD-113 1.1 -45 -20 15 l.5e5 3e2 2.le2 2.3e2 
3m468 0.8 15 50 85 l.4e5 3el 2e3 l.6e3 
3M ISD-830 1.0 -75 -50 -20 2e5 1.5e2 5.5e3 5.5e3 
GESMRD 0.9 50 80 125 e35 5e3 3,9e4 3.5e4 

•···-,; 
a Approxunate values ta.ken from curves in Ref. 1 L 
•To conve1t to °C, use the formula °C q)(°F- 32) or the approxunate table below: 

°F -80 -60 -40 -20 0 20 40 60 80 100 120 140 160 180 200 
0 c -62 -51 -40 -29 -18 -7 4 16 27 38 49 60 71 82 93 

cNumbers shown correspond to storage (real) values of Young's modulus, except that E1,max rep­
resents the maximum values of the Joss (imaginary) modulus. Emax applies for low temperatures 
and/or high frequenc1es, Errun applies for high temperatures and/or low frequencies. Etran, and E 1,max 

applies m the range of 1Jmax• Divide by 3 to obtam the corresponding shear modulus values. 
To convert to N/m2 , multiply tabulated values by 7 x 1 ü3 The number following e represents the 
power of 10 by which the number preceding e 1s to be multiplied; e.g., l.2e3 represents 1.2 x 103 

temperatures cons1derably below those corresponding to 17max); Emm, the smallest 
value of E, applies at high temperatures; the transition value E1rans applies in the 
rJmax range; and Er.max~ 11m=E1rans, the maximum value of the Joss modulus, 
applies in the transition range, 

It is important to keep in mrnd that the mechanical properties of polymenc 
materials, including plastics and elastomers, tend to be more variable than those 
of metals and other class1cal structural materials. Sorne of this vanability results 
from a polymer' s molecular structure and molecular we1ght distribution, wh1ch 
depend not only on the matenal' s chemical composition but also on its processing. 
Additional vanability results from the various types and amounts of plasticizers 
and fillers that are added to most commercial materials for a number of practtcal 
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purposes. Thus, it is quite common for normnally identica:l polymenc materials to 
exhibit considerably different rnechanical behaviors. It mµ.y also occur that even 
material samples from the same production run have considerably different loss 
factors and moduli at frequenc1es and temperatures at which they are intended 
to be used, pomting toward the need for careful quality control and performance 
verification for cntical applications. 

Structures with Viscoelastic Layers 

One may calculate the loss factor of a structure vibrating in a g1ven mode by 
use of Eq. (14.21) if one knows the energ1es W; stored in the vanous deforma­
tions of all of the component elements. lndeed, modern finite-element analysis 
methods26- 28 proceed by calculating the modal detlections, applying these to 
evaluate all the energy storage components, and then usmg Eq. (14.21) to find 
the Joss factor. 

Analytical results have been developed for flexure of uniform beam and plate 
structures under conditions that are often approximated in practice. These results, 
which are extremely useful for design guidance and for development of an 
understanding of the important parameters, apply to structures whose detlection 
distributions are smusoidal. * 

Two-Component Beams 

In flexure of a uniform beam with an insert or added layer of v1scoelast1c matenal, 
as illustrated by Fig. 14.9, the energy storage (and dissipation) associated with 
shear and torsional deformations may generally be neglected. If contact between 
the components is mamtamed w1thout slippage at all surfaces and if the loss 
factor of the basic structural (nonviscoelastic) component is negligible, then the 

FIGURE 14.9 End views of beams w1th v1scoelasüc mserts or added layers. Struc­
tural matenal is unshaded, viscoelastic matenal is shown shaded; H12 represents distance 
between neutral axis of structural component and that of v1scoelastic component. Bearn 
deflection is verucal, with wave propagation along the beam length, perpendicular to the 
plane of the paper. 

*The defiection distribution of any beam ( or plate) vibratmg in one of its natural modes 1s at 
least approximately smusoidal {in one dimension for beams and m two dimensions for plates) at 
locations that are one wavelength or more from the boundanes, regardless of the boundary conditions. 
Therefore, the assumption of a smusoidal defiection distributlon is valid for a larger fraction of the 
structure as the frequency mcreases. 
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loss factor r, of the composite beam is related to the loss factor /3 of the matenal 
of the viscoelastic component by29,30 

(14.22) 

where a = (1 + k) 2 + (f3k)2 and H12 denotes the distance between the neu­
tral axes of the two components. With subscript 1 referring to the structural 
(undamped) component and subscript 2 referring to the viscoelastic component, 
k = K2/K1, where K, = E;A; denotes the extens1onal stiffness ofcomponent i, 
expressed in terms of its Young's modulus (real part) and cross-secti.onal area 
A 1 . Furthermore, r; = J Id A; represents the radius of gyration of A;, where I; 
denotes the centroidal moment of mertia of A;. 

For the often-encountered case where the structural component' s extensional 
stiffness is much than that of the viscoelastic component, k « 1 and 
Eq. (14.22) reduces to 

/3Ezlr 
'f/~ ----- ~ 

E1/i +E2fr 
(14.23a) 

where Ir= h + H'f2A2 A 2(rf + Hf 2) denotes the moment of inertia of 
about the neutral axis of A 1. 

The last express10n in Eq. (14.23a)'·apiplies for E2 Jy « E 1Ii, whlch is gen­
erally true m practical structures where the area and elastic modulus of the 
v1scoelastic component are small compared to those of the structural compo­
nent. In thrn case the composite structure' s neutral axis coincides very nearly 
with that of the structural component and the dommant energy storage is associ­
ated with flexure of the structural component (whose :flexural stiffness is E 1fi). 
The dominant energy dissipation 1s associated with extension and compression 
of the v1scoelastic component, with the average extens10n ( equal to the extension 
at the viscoelastic component's neutral axis) resulting from the flexural curva­
ture and the distance H12 between the neutral axes of the viscoelastic and the 
structural components.* The flexural curvature is greatest at the antinodes of the 
vibrating structure; most of the dampmg action thus occurs at these locations, 
with little damping resulting frorn the matenal near the nodes. 

The second form of Eq. (14.23a) contains two ratios; the first mvolves only 
matenal properties and the second only geornetnc parameters. It mdicates that 
the most important dynarnic mechanical property of the v1scoelastic matenal is 
lts extens10nal loss modulus f3E2 . In keeping with the conclusions based 
on the general energy expression [Eq. (14.21)], good damping of the composite 
structure can be obtained only frorn a viscoelastic matenal that has not only a 
high loss factor but also a considerable energy storage capability. 

* A "spacer," a layer that is stiff in shear and soft in extension ( e.g., like honeycomb ), inserted between 
the structural and the v1scoelast1c component can rncrease H12 and thus the damping obtained with 
a given amount of v1scoelastic material. 30 
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Plates with Vîscoelastic Coatings 

A strip of a plate (see msert of Fig. 14.10) may be considered as a special case 
of a two-component beam, where the two components have rectangular cross 
sections. Thus Eqs. (14.22) and (14.23a) apply, w1th r; = Hd✓-fi and H 12 = 
½(H1 + H2), where H; denotes the component thickness. The energy·storage and 
dissipation cons1derations that were discussed in the foregoing se,bon, as well 
as the foregomg remarks concemmg the dominant damping matenal.'properties, 
apply here also. 

Figure 14.10 is a plot based on Eq. (14.22) for /32 « 1. It shows that for small 
relative thicknesses hz Hz/ H1, the loss factor ratio r, / /3 is proportional to the 
viscoelastic layer thickness, whereas for very large relative thicknesses the loss 
factor ratio approaches unity; that is, the loss factor of the coated plate approaches 
that of the viscoelastic coating, as one would expect.* As also 1s evident from 

1.0 

~ 6 f--,'--t--t-

"" 0 

·~ 

€ 
.2 
"' "' 
,"; 10-2 

Relotîve ihickness ot dampmg loyer, hz = H2IH1 

FIGURE 14.10 Dependence of loss factor T/ of plate stnp with added v1Scoelastic layer 
on relative tlnckness and relative modulus of layer.3° Curves apply for loss factors (:3 of 
viscoelastic material that are small compared to umty. 

*For very thick viscoelastJ.c coanngs, defonnations in the thickness direction (wh1ch are not consid­
ered m th1s simplified analys1s) also may play a s1gnificant role, part1cularly at frequencies at which 
standing-wave resonances may occur rn the v1scoelast:1c matenal. 31 
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the figure, at small relative thicknesses the loss factor ratio is proportional to the 
modulus ratio e2 = E2 / E 1. For small relative thicknesses, that is, m the regions 
where the curves of 14.10 are nearly straight, the loss factor of a coated 
plate may be estimated from30 

(14.23b) 

where h2 = Hi/ H1. 
If two v1scoelastic layers are applied to a plate, one layer on each s1de, then 

the loss factor of the coated plate may be ta.ken as the sum of the loss factors 
contributed by the indiv1dual layers, w1th each contribution calculated as if the 
other layer were absent, provided that each v1scoelastic layer has low relative 
extensional rig1dity, that 1s, that E2H2 « E1H1. If thls mequality is not satisfied, 
a more complex analysis is reqmred. 

Three-Component Beams with Viscoelastic lnterlayers 

Figure 14.11 illustrates uniforrn beams cons1sting of two structural (nonviscoelas­
tic) components mterconnected via a relatively thin viscoelastic component. Such 
three-component beams may be preferable to two-component beams for practical 
reasons because the viscoelastlc material is exposed only at its edges; however, 
such beams can also be designed to hav& hlgher darnping than two-component 
beams of similar we1ght. * 

In flexure of a three-component bearn with a viscoelastic layer whose exten­
s10nal and flexural stiffnesses are small compared to those of the structural 
components, the dominant energy dissipation is associated w1th shear in the vis­
coelastic component and the most significant energy storage occurs in connection 
with extens10n/compression and flexure of the two structural components. The 
shear in the viscoelastic component is greatest at the vibrating structure' s nodes. 
Thus, most of the energy dissipation occurs in the viscoelastic material near 

FIGURE 14.11 End views of composite beams made up of two structural components 
(unshaded) jomed via a viscoelastic component (shaded); H 13 is distance between neutral 
axes of structural components. Beam deflection is vertical, w1th wave propagation along 
the beam length, perpendicular to the plane of the paper. 

*It should be noted that design changes to obtain increased damprng generally also result in mass 
and stiffuess changes, which tend to affect a structure' s vibratory response and should be considered 
in the design process.17,32,33 
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the nodes, with relatively little resulting m that near the antinodes. For efficient 
damping, It is important that the shearing action m the viscoelastic material not 
be restrained (particularly at and near nodes) by structural interconnections, such 
as bolts. 

The loss factor ri corresponding to a spatially sinusoidal deflection shape of 
such a three-component beam 1s related to the loss factor f3 of the viscoelastic 
matenal by29•30 

where 

{3YX 

T/ = 1 + (2 + Y)X + (1 + Y)(l + t,2)X 2 

1 
y 

E1l1 + E3!J S 

Hf3 
s 

(14.24) 

(14.25) 

Here subscripts 1 and 3 refer to the structural components and 2 to the v1scoelastic 
component; A;, and /; represent, respectively, the Young's modulus, cross­
sectional area, and moment of inertia of component i; H13 denotes the distance 
between the neutral axes of the two structural components; and represents the 
shear modulus (real part) of the viscoelastic material, H2 the average thlckness 
of the v1scoelastic layer, and b its length as measured on a cross section through 
the beam. The wavenumber p of the spatially smusmdal beam deflection obeys 

(14.26) 

where À represents the bending wavelength and B denotes the flexural rig1dity 
and µ, the mass per unit length of the composite beam. 

The structural parameter Y of three-component structures depends only on 
the geometry and Young's moduli of the two structural components, whereas the 
shear parameter X depends also on the properties of the viscoelastic layer and 
on the wavelength of the beam deflection. The shear parameter X is proportional 
to the square of the ratio of the beam flexural wavelength to the decay distance,34 

that 1s, the distance within which a local shear disturbance decays by a factor 
of e, where e ~ 2.72 denotes the base of natural logarithms; thus, X also is a 
measure of how well the viscoelastic layer couples the flexural mot10ns of the 
two structural components. 

The ( complex) flexural ngidity of a three-component beam 1s g1ven by 

X* X(l - j/3) (14.27) 

lts magnitude is B = 1 BI. Thus, for small X, the flexural ngidity B of the compos­
ite beam 1s equal to the sum of the flexural ng1dities of the structural components, 
that is, to the total flexural ng1dity that the two components exhibit if they are 
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not interconnected. For X » 1, however B approaches 1 + Y runes the foregoing 
value, which is equal to the flexural ngidity of a beam with rigidly rnterconnected 
structural components 1 and 3. 

For a given value of /3 and Y, the loss factor T/ of the composite beam takes 
on its greatest value, 

{3Y 
T/max = 2 + Y + 2/ Xopt 

at the optimum value of X, which is g1ven by 

(14.28) 

(14.29) 

With the aid of these definitions, one may rewrite Eq. (14.24) m tenns of the 
ratio R X/Xopt in the followmg fonn, whtch provides a convenient v1ew of 
the damping behav1or of three-component beams: 

T/ 

T/max 

2(1 + N)R 

1 +2NR +R 2 
1 N = (1 + 2Y)Xopt (14.30) 

Figure 14.12, which is based on Eqs. (14.28) and (14.29), shows how T/max/ f3 
increases monotonically with Y, indicating the importance of selecting a config­
uration w1th a large value of Y in the design of highly damped composite struc­
tures.* Figure 14.13 gives approximate values of Y for some often encountered 

··-" "11 

STRUCTURAL PARAMETER,Y 

F1GURE 14.12 Dependence of maximum loss factor 1/max of three-cornponent bearns 
or plates on structural parameter Y and loss factor fJ of v1scoelastic rnaterial. 

• A shear-stiff, extens1onally soft "spacer" (e.g., honeycomb) inserted between the v1scoelast1c and 
one or botb structural components can serve to mcrease H13 and, therefore, tbe value of Y. See 
Eq. (14.25). For a given deflection of the composite structure, a spacer increases the dampmg 
by increasmg tbe shear stram-and thus tbe energy storage and dissipatlon-rn tbe viscoelast1c 
component. 3o.34 
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GENERAL PLATE 
SANDWICH 

H3 

fü: 3 PLATE WITH 
t~c::m:i:ë~4 THIN ADDED "TAPE" 

H1f ! (H3 « H1) 
1 1 Y=3H 3/H 1 

SANDWICH WITH 
2:1 THICKNESS RATIO 

Y::::,2 

SYMMETRIC 
SANDWICH 

y::::,3 

FIGURE 14.13 Values of structural pararneter Y for three-component beam and plate 
configuratJ.ons w1th thin viscoelastic components and with structural components of the 
sarne rnatenal; v1scoelastic component is shown cross-hatched. I, moment of inertia; A, 
cross-sectlonal area; r, radius of gyration; lJ13, distance between neutral axes. 

configurations. Figure 14.14 shows how 11/T/ma:x varies w1th X/ Xopt, rndicating 
the importance of making the operating value of X of a given design match Xopt 

as closely as possible in order to obtam a loss factor that approaches T/max• 

If one knows the wavenumber p and the frequency associated with 
a given beam vibration, one may calculate the loss factor T/ of a composite 
beam srmply by substituting the beam parameters and the matenal properties 
at any frequency (and temperature) of interest into Eqs. (14.24) and (14.25) or 
(14.28)-(14.30). The latter set of equations is part1cularly useful for judging how 
far from the optimum a given configuration may be operating. 

If one knows only the frequency and not the wavenumber p corresponding to 
a beam vibration, one needs to use (14.26) to determine p. Substitution of B 
as calculated from Eq. (14.27) mto (14.26), followed by substitution of the 
result into the first of Eqs. (14.25), leads to a cubic equation in X. Although one 
may solve this numencally, it is often more converuent to determine X by use 
of an iteration procedure like that indicated in Fig. 14.15. 

In contrast to the previously discussed two-component beam, the loss factor 
17 of a three-component beam does not depend pnmarily on the loss modulus 
(Le., on the product of the loss factor f3 and storage modulus E2 or G2) of the 
viscoelastic material. The loss factor of a three-component bearn depends on /3 
and G2 separately, and the separate dependences must be taken into account in 
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~IJ 0.1 r---+--r--+--+-+--+---+----+--"~~'c"sf-+-r-l 
8 !-. ---t----t-~--t-+-:.........i----+--+-"<'~~"k----t-~ 

FIGURE 14.14 Dependence of loss factor 1J of tbree-component beam or plate on shear 
parameter X [from Eq. (14.30)]. 

the design of such a beam. Design of a lughly damped three-component beam 
structure requires (1) choice of a configuration with a large structural parameter 
Y, (2) selection of a dampmg material with a large loss factor f3 m the frequency 
and temperature range of interest, and (3) adjustment of the damping material 
tluckness H2 and length b so as to make X [as calculated from Eq. (14.25) 
for the value of G2 applicable to the frequency and ternperature of concem] 
approx:imately equal to Xopt [given by Eq. (14.29)]. The resulting design then 
will have a loss factor approximately equal to 1Jmax as given by Eq. (14.28). 

The expected performance of any design should be checked for the frequency 
and temperature ranges of mterest by means of the procedure described m the 
previous paragraph. Note that a g1ven design rnay be expected to perform optl­
rnally-that is, to have X under operating conditions approximately equal to 
Xopt-only m a lirnited range of frequencies and ternperatures, with reduced 
performance outside tlus range. 

Plates with Viscoelastic lnterlayers 

A strip of a plate consistmg of a v1scoelastic layer between two structural layers 
rnay be considered as a special case of a three-component beam. In a plate strip, 

CALCULATE Y from Eq.14.25 

DETERMINE p and G2 at 
FREQUENCY and TEMPERATURE of 

INTERE;ST from MATERIAl DATA 

FIND Xopt f~;m Eq. 14.29 

CALCULA TE B from Eq. 14.27 

FIND 1/p2 from Eq. 14.26 

CAlCULATE NEW X from Eq.14.25 

NO 

FIND 17from Eq. 14.24or 14.28-14.30 

REFERENCES 607 

FIGURE 14.15 Iteration procedure for determmation of loss factor of three-component 
beams or plates for which wavelength is not known mitially. 

all cornponents have rectangular cross sections of the same width; Eqs. (14.25) 
accordingly become 

X 
G2 

--S 
p2H2 

1 
y 

(14.31) 

If, furtherrnore, E1/i + E31, m Eq. (14.27) is replaced by fi(E1Hf + E31f]) 
and if J.L in Eq. (14.26) is interpreted as the mass per unit surface area of the 
plate, then all of the foregomg discuss10n pertaming to beams also applies to 
plates. 
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15.1 INTRODUCTION 

The sound produced by unsteady gas flows and by mteractions of gas flows 
with solid objects is called aerodynamic sound. The same flows often excite 
structural modes of vibration in surfaces bounding the flow and are then said. 
to generate structure-borne sound. Unwanted flow-generated sound, nmse, is a 
common by-product of most industrial processes. It also accompanies the opera­
lion of ships, automobiles, aircraft, rockets, and so on, and can adversely affect 
structural stability and be an important source of fatigue. 

A practical understanding of the sources of aerodynamic sound is necessary 
over the whole range of mean-flow Mach numbers, from the very lowest (0.01 
or less) associated with flows in arr conditioning systems and underwater appli­
cations to the high supersomc range occurring m jet engines and high-pressure 
valves. In subsomc flows, the sound rnay be attributed to three basic aerodynamic 
source types: monopole, dipole, and quadrupole.1 

These fundarnental source types are discussed m this chapter, together w1th a 
survey of nmse mechamsrns associated with turbulent jets, spoilers and airfoils, 
boundary layers and separated flow over wall cav1ties, combustion, and valves. 

15.2 AEROACOUSTICAL SOURCE TYPES 

Aerodynamic Monopole 

Monopole radiatton is produced by the unsteady introduct10n of mass or heat 
into a flmd. Typical examples are pulse Jets (where high-speed air is penodically 
eJected through a nozzle), turbulent flow over a srnall aperture m a large wall 
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(where the flow induces pulsatmg motion in the aperture), unsteady combustion 
processes, and heat release from boundaries or from a pulsed laser beam. 

The radiation from a monopole source in an otherw1se stationary fluid is equiv­
alent to that produced by a pulsating sphere (Fig. 15.la). Both the amplitude and 
phase of the acoustical pressure are spherically symmetnc. When the monopole 
sound is generated by unsteady flow veloc1ties, the dimensional relation between 
the radiated sound power and the flow parameters is 

pL2U4 
Wmonopole ex = pL 2U3111 

C 

where Wmonopole = radiated sound power, W 
p = mean speed of gas, kg/m3 

c = speed of soi.md in gas, mis 
U flow velocity m source region, mis 
L = length scale of flow in source region, m 

M Mach number, U /c, dimensionless 

Aerodynamic Dipole 

(15.l) 

Dipole sources anse when unsteady flow interacts with surfaces or bodies, when 
the dipole strength 1s equal to the force on the body, or when there are signif­
icant vanations of mean fluid dens1ty in the flow. This source type is found in 
compressors where turbulence impingèîr on stators, rotor blades, and other con­
trol surfaces. Sirnilarly, the unsteady shedding of vorticity from solid objects, 

Source 

1ype 

C 

Ouadrupole 

Rodiot1on chorocter1st1c 

180° phase d ifference 

Directivity 
pattern 

Rodioted Difference 
power is 10 

proportionol radiation 
to effic1ency 

FIGURE 15.1 Aeroacoustical source types and their dimensional properties in fluid of 
uniform mean density. See also Fig. 1.2. 
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such as telegraph wires, struts, and airfoils, generates "singmg" tones that are 
also attributable to dipole sources. Otµer examples inclu.de the noise generated 
by hot jets exhausting into a cooler amb1ent medium and by the acceleration of 
temperature (or "entropy") inhomogeneities in a mean pressure gradient, as in a 
duct contraction. 

The dipole is equivalent to a pair of equal monopole sources of opposite phase 
separated by a distance that i.s much smaller than the wavelength of the sound. 
Destructive interference between the radiations from the monopoles reduces the 
efficiency with which sound is generated by the dipole relative to a monopole 
and produces a double-lobed, figure-eight radiation field shape proportional to 
the cosme of the angle measured from the dipole axis (Fig. 15.lb). In fluid of 
uniforrn rnean dens1ty, the dimens1onal dependence of the aerodynannc dipole 
sound power is 

pL2U6 z 3 3 
wdipole ex = pL u M (15.2) 

Ttns differs by a factor M2 from the power output of the monopole. In subsornc 
flow (M < 1) the dipole is a less efficient source of sound. 

If the specific entropy or temperature of the flow in the source region is not 
uniforrn (e.g., in the shear layer of a hot Jet exhausting into a cooler amb1ent 
atmosphere), the density must also be variable. The relatively strong pressure 
fluctuations m the turbulent flow are then scattered by the density variations 
and produce sound of the dipole type. The dipole strength is proportional to 
the difference between the actual accelerat1on of the density inhornogeneity in 
the turbulent pressure field and that which it would have experienced had the 
dens1ty been uniform. 2 The dirnens1onal dependence of the corresponding sound 
power is 

(15.3) 

where ( 8 T / T) 2 is the mean-square fractional temperature fluctuation. 

Aerodynamic Quadrupole 

Quadrupole radiation is produced by the Reynolds stresses in a turbulent gas in 
the absence of obstacles. These arise from the convection of fluid mornentum 
by the unsteady flow. The Reynolds stress forces must occur in opposing pairs, 
smce the net momentum of the fluid 1s constant. Force pairs of this type are 
called quadrupoles and are equivalent to equal and opposite dipole sources (see 
Fig. 15.lc). 

Aerodynarnic quadrupoles and entropy dipoles are the dominant source types 
m tngh-speed, subsonic, turbulent air jets. The quadrupole strength is larger where 
both the turbulence and mean velocity gradients are lngh, for example, in the 
turbulent rni:xing layer of a Jet. 
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The dimensional dependence of the radiated quadrupole sound power is 

pL2us 
quru:ttup,,le (X = pL 2u3 M5 (15.4) 

This differs from the dipole power by a factor M 2
. At subsoruc speeds (M < 1), 

the quadrupole radiation efficiency is lower than that of the dipole because of 
the double cancellation illustrated m Fig. 15.lc. 

The monopole, dipole, and quadrupole sources decrease rn therr respective 
radiation efficienc1es for subsonic flows, but the dependenc1es of therr radiated 
sound powers on flow veloclty show the opposite trend, that 1s, the total radiated 
sound power varies as the fourth, sixth, and eighth powers of the flow speed U for 
monopole, dipole, and quadrupole sources, respectively. Thus, if the flow velocity 
is h1gh enough, the radiation from the quadrupole sources may be the dominant 
source of sound even though the effic1ency w1th which the sound 1s produced 1s 
small. This 1s usually the case for a jet engme at high subsonic exhaust velocit1es, 
although other mtemal sources caused by unsteady combustion or rough buming 
(predorninantly monopole) or compressor noise (predommantly dipole) can also 
make a significant contribution to the total n01se. 

The value of the constant of proportionality for each type of source depends 
on both the sound-generating mechanism and the flow configuration. Thus, the 
constant for a singing wire differs from that of an edge tone, although both 
anse from unsteady surface forces (dipcle-,t)sources). However, the proport10nality 
relations (15.1)-(15.4) can be used to estrmate the mfluence on radiated sound 
power of changes in one or more of the source parameters. A twofold increase in 
the exhaust velocity U of a jet (quadrupole-type source) causes the sound power 
level to mcrease by 24 dB (eighth power of flow velocity), whereas a doubling 
of the exhaust nozzle area A (proport10nal to L2) increases the sound power 
level by only 3 dB. Because the thrust of a Jet engme 1s proportional to AU 2

, the 
mcrease in radiated sound will be smaller if a doubling of the thrust is achieved 
by increasing the nozzle area by a factor of 2 rather than the exhaust velocity by 
a factor of 1.4. 

Aerodynamic Sources of Fractional Order 

The effic1ency with which sound is produced by aerodynamic dipole sources on 
surfaces whose dimensions greatly exceed the acoustical wavelength frequently 
differs from those implied by (15.2) and (15.3). For example, the net dipole 
strength associated with turbulent flow over a smooth, plane wall 1s zero: The 
radiat10n is the same as that generated by the quadrupole sources m the flow when 
the wall is regarded as a plane reflector of sound. Similarly, the net strength of the 
dipoles induced by turbulence near the edge of a large wedge-shaped body varies 
with angle v-being equivalent to that of a quadrupole when v 180° (i.e., for 
a plane wall) and to a fractional multipole order ! when v O (knife edge). 
The latter case is important in estimating the leading and trailing edge noise of 
an arrfoil, where at high enough frequency the sound power is proportional to 
pLU 3M 2 . 

AEROACOUSTICAL SOURCE TYPES 615 

Influence of Source Motion 

The directional characteristics of the radiation from acoustical sources are chang­
ed if the source moves relative to the fluid. Both the frequeucy and intenslty of 
the sound are increased ahead of the source and decreased toits rear. It 1s usual 
to refer the observer to a coordinate system based on the source location at the 
time of emission of the recewed sound. 

For a monopole source of strength q(t) k:ilograms per second (equal to the 
product of the volume velocity and the fluid dens1ty) moving at constant speed 
U in the direction illustrated m Fig. 15.2, the acoustlcal pressure p m the far 
field is 

[ 
dq/dt ] 

Pmonopole = ± 4rrr(l _ Mfr)2 
(15.5) 

where the square brackets denote evaluation at the time of emtssion of the sound, 
(r, cl>) are coordinates defimng the observer position relative to the source at the 
time of elllssion of the sound, and the plus and illlnus is taken according 
as Mtr < I or Mfr > 1, where 

M fr = ( ~ ) cos <P ( dimens10nless) 

The frequency of the received sound 1s f/(1 M1r), where f, per second, 
is the frequency in a frame fixed relative to the source. The term 1/(1 - M1r) 
1s called the Doppler factor. lts effect 1s to modify both the frequency and the 
amplitude of the acoustic field. 

For a unifonnly translating dipole of strength j 1(t) (newtons), which is eqmv­
alent to an applied force in the i direction, and for a quadrupole Tij(t) (newtons­
meters), "l'""'rn,c;u by directions i, j (and equivalent to a force pair applied to the 
flmd), the respective acoustical pressure fields become 

Pdipole 

SOURCE POSITION AT 
EMISSION OF SOUND 

P quadrupole 

----Ut 

----+~---
SOURCE POSITION AT 
RECEPTION OF SOUND 

OBSERVER 

(15.6) 

FIGURE 15.2 Coordinates defining the observer position at the tlme of emission of the 
rece1ved sound from a movmg source. 
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where fr, T,, denote the components of the dipole and quadrupole source 
strengths in the observer direction at the tirne of emission of the sound and 
the plus and minus sign 1s taken according as MJr < 1 or MJr > 1. 

These expressions are valid for ideal, point sources moving at constant veloc-
1ty. The influence of source motion on real, aerodynamic sources 1s often much 
more complicated. For example, a pulsatmg sphere is a monopole source when 
at rest. In uniform translational motion, however, the radiation is amplified by 
a Doppler exponent of J mstead of the 2 of Eq. (15.5). This 1s because the 
monopole is augmented due to the motion by a dipole whose strength is pro­
portional to the convection Mach number M f· The interaction of the volume 
pulsations with the mean flow over the sphere produces a net fluctuating force 
on the fluid. 

15.3 NOISE OF GAS JETS 

The sound generated by high-speed jets is usually associated with several different 
sources acting s1multaneously. Jet mixing noise, caused by the turbulent mixing 
of the jet with the ambient medium, and for imperfectly expanded supersonic jets 
shock-assoczated noise, produced by the convection of turbulence through shock 
cells in the Jet, are the principal components of the radiation. The propert1es of 
sound sources m real Jets differ considerably from those of the 1dealized models 
described m Section 15.2. Sources located within the "jet pipe" can also make 
a significant contribution to the noise. =În "the case of a gas turbme engine, the 
addit10nal radiation mcludes combustion noise as well as tonal and broadband 
sound produced by interact10ns mvolving fans, compressors, and turbine systems. 
The following discuss10n is based on experimental data obtained and validated 
by several independent mvestigators and collated for prediction purposes by the 
Society of Automotive Engmeers. 3 Formulas are given for predictmg the free-field 
radiation from a Jet in an ideal acoustlcal medium. In many applications it will 
be necessary to modify these predictions to account for atmospheric attenuatlon 
and mterference caused by reflections from surfaces. 

Jet Mixing Noise 

Mixing noise is the most fundamental source of sound produced by a jet. The 
sinlplest free Jet is an air stream issuing from a large reservoir through a crrcular 
convergent nozzle (Fig. 15.3). The gas accelerates from near-zero veloc1ty in the 
reservoir to a peak veloclty in the narrowest cross section of the nozzle. Soruc 
flow occurs at the nozzle exit when the pressure ratio Pol Ps exceeds 1.89, where 
p 0 1s the steady reservoir pressure and Ps is the ambient pressure downstream of 
the nozzle. An mcrease above this cntical pressure ratio leads to the appearance 
of a shock cell structure downstream of the nozzle and "choking" of the flow 
unless the convergent part of the nozzle is followed by a divergent section in 
wluch the pressure decreases smoothly to Ps· 

For the idealized, shock-free jet, no mteraction is assumed between the gas 
flow and the solid boundaries. The n01se is produced entirely by turbulent mixing 

Reservoir 
pressure: 
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FIGURE 15.3 Subsonic turbulence-free Jet. 
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m the shear layer. The sources extend over a considerable distance downstream of 
the nozzle. The high-frequency components of n01se are generated predominantly 
close to the nozzle, where eddy sizes are small. Lower frequencies are radiated 
from sources further downstream where eddy sizes are much larger. The sources 
may be regarded as quadrupoles, whose strength and directivity are modified 
by the mfl.uences of nonuniform fluid density (temperature) and convection by 
the flow. 

The total radiated sound power W in watts of the mixing noise may be 
expressed in terms of the mechanical stream power of the jet, equal to 

Wmech stream = ½mU
2 (15.7) 

where m = mass flow of gas, kg/s 
U = fully expanded mean Jet velocity, mis 

The dependence of W / ½ mU2 on Jet Mach number M = U / c and density 
ratio Pif Ps, where c is the ambient sound speed and Pj, Ps are respectively the 
densities (in kilograms per cub1c meter) of the fully expandedJet and the ambient 
atmosphere, 1s illustrated in Fig. 15.4. For M < 1.05 the sound power increases 
as pi/ Ps decreases (i.e., as the temperature mcreases) and decreases at higher 
Mach numbers. When M < 1, W may be estimated from 

M < 1 

where Mc 0.62U je and w is the jet density exponent given by4 

3M3.5 
w = ----=---= - 1 

0.6+ M 35 

(15.8) 

(15.9) 

Equation (15.9) is applicable for M greater than about 0.35, including the super­
sonic region and is also used in the formulas given below. 
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FIGURE 15.4 Ten urnes the logarithm of the ratio of acoushcal power of jet muung 
noise to mechanical stream power as a function of the fully expanded jet Mach number 
M U /c for different values of pi/ Ps. 

The overall sound pressure level (OASPL) at any point m space is defined as 

OASPL 20 X log10 Prms 
20 µ,Pa 

dB (15.10) 

where Prms is the rms sound pressure in pascals (newtons per square meter) (see 
Chapter 2). Source convection and refraction in the shear layers causes the sound 
field to be directive, the maximum noise bemg radiated in direct:lons mclined at 
angles 0 to the Jet axis between about 30° and 45° 

Typical field directivities at a fixed observer distance for an air Jet at three 
different Jet Mach numbers M U /c are shown m Fig. 15.5. The curves give 
the variation of OASPL(0) OASPL(90°), the sound pressure level relative to 
its value at 0 = 90°, and are approximated by the formula 

OASPL(0) = OASPL(90°) - 30 x log [ 1 Mc cos0 ] 
(1 + M"g)l/5 

- 1.67 x log [1 + (40 -6 0') 1 6] 10 .:, - + 4 X 10-

where Mc = 0.62U le 
01 0.26(180 - 0)M 0•1, degrees 

(15.11) 

The final term on the right of (15.11) 1s negligible unless 0 < 180° - 150° / 
M 0•1, that 1s, except m directions close to the Jet axis. 
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FIGURE 15.5 Direct1v1ty of jet ID1xing noise. 
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At 0 = 90° the overall sound pressure level of jet rmxmg n01se can be calcu­
lated frorn the formula 

OASPL = 139.5 + 10 x log A + 10 x log [(;:Ar(:~) w] 

1 M7.5 ) 

+ lO x log ( 1 - 0.1M 25 + 0.0l5M 4-5 

where A = fuJly expanded Jet area, = ¼n Dt for a subsomc Jet, m2 

DN = nozzle exit diameter, m 
R distance from center of nozzle exit, m 

PISA = mternational standard atinospheric pressure at sea 
level, = 10.13 µ,Pa 

(15.12) 

The dependence of OASPL(90") - 10 x log(A/ R2) on jet Mach number M and 
density ratio Pi/ Ps 1s illustrated m Fig. 15.6. 

The sound-pressure-level (SPL) frequency spectrum of Jet rnixing noise is 
broadband and peak:s at a frequency f = Jp that is a functlon of the radiation 
direction 0, Jet Mach number M, and temperature ratio TifTs, where TJ (in 
kelvin) is the fully expanded jet temperature and Ts (kelvm) is the amb1ent gas 
temperature. The spectrum has a broad peak: that occurs m the range 0.3 < S < 
1, where 

S= u (15.13) 

is the Strouhal number (dimens10nless), tabulated in Table 15.1 for 0 2: 50° 
and for different values of T1 / Ts. For practical purposes the difference l':,. = 
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FIGURE 15.6 Overall sound pressure level at 0 90°. 

TABLE 15.1 Values of Strouhal Number and A(·) for Different Values of 'I'j/T,a 

T1/Ts e = 50° 0 =60° 0 = 10° 0 = 80° e > 90° 

1 0.7 (11 dB) 0.8 (11 dB) 0.8 (11 dB) LO 0.9 
2 0.5 (10 dB) 0.4 (10 dBL. 0.6 (11 dB) 0.5 0.6 
3 0.3 (9 dB) 0.4 (10 dB) • ~ 0.4 (10 dB) 0.4 0.5 

a Strouhal munber S = f D N j U at the peak of the one-tbird-octave-band spectrum of jet mixmg nmse 
for U /c :S 2.5 (left columns); A= OASPL- SPLpeak ~ 11 dB for ail e 2: 80° except as mdicated 
in parentheses (nght columns). 

OASPL - SPLpeak between the peak of the one-thrrd-octave-band spectrum and 
the overall SPL at the same value of 0 may be taken to be 11 dB except as 
mdicated in the table. 

Figure 15.7 shows a typical relative one-tlnrd-octave-band SPL spectrum 
SPL(f) - OASPL for Pj = Ps and angles 0 ::: 90° The characteristic shape is 
the same for ail temperatures and angles, although there is s1gni:ficant dependence 
on temperature and Mach number when 0 1s smaller than about 50° and f > f p 

when refractton of sound by the Jet shear layer becomes important. For subsomc 
Jets, the spectrum varies roughly as f 3 at low frequencies and decays like 1/ f 
for f > fr 

Figures 15.4-15.7 and Table 15.1, supplemented when necessary by 
Eqs. (15.8) and (15.9), comprise a general procedure for estimating the SPL, 
directivity, and spectrum of Jet m1xmg noise. 

Example 15.1. Find the total jet mixrng noise sound-power- and sound­
pressure-level spectrum at 60° from the jet axis and 3 m from the nozzle of a 
0.03-m-diameter air jet. The jet exhausts into ambient arr (15°C, Ps = 10.13 uPa, 
Ps 1.225 kg/m3

) at sonic (U / c = 1) exit velocity, that is, 340 mis. 
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F1GURE 15.7 One-third-octave-band SPL - OASPL (dB) for radiation directions 
8 è::: 90° and Pi Ps• 

Solution The mechamcal stream power ½mU2 1s 1.70 x 104 W The ratios 
PJI Ps and U je are unity. Therefore, from Fig. 15.3 [or Eqs. (15.8) and (15.9)] 
the ratio of sound power to mechanical stream power is 1. 0 x 10-4 . The resulting 
overall sound power is 1.7 W. From Fig. 15.6 [or Eq. (15.12)] the OASPL at 90° 
to the jet axis and R = 3 m 1s 98.8 dB re 20 µPa. From Eq. (15.11) the OASPL 
at 60° to the Jet axis and R = 3 mis 103.5 dB, and the peak Strouhal number is 
0.8. The one-third-octave-band SPL spectrum 1s found from 15.6 by adding 
103.5 dB to the ordinate with b. = 11 dB (from Table 15.1). 

Realisuc jets exhausting from pipes and engine nozzles do not provide smooth, 
low-turbulence entrainment of flow but rather flow that has been disturbed or 
spoiled before leaving the nozzle. In tlns case, the above procedure 1s not valid 
unless the Jet velocity U exceeds about 100 mis. Below tlns speed major portions 
of the aerodynamically generated noise emanate from mternal sources. 

Noise of lmperfectly Expanded Jets 

Supersonic, underexpanded, or "choked" Jets contain shock cells through which 
the flow repeatedly expands and contracts (see inset to 15.8). Seven or more 
distinct cells are often visible extending up to 10 jet diameters downstream of the 
nozzle. They are responsible for two additional components of Jet n01se: screech 
tones and broadband shock-associated nozse. Screech 1s produced by a feedback 
mechamsm in which a disturbance convected in the shear layer generates sound as 
it traverses the standing system of shock waves. The sound propagates upstream 
through the amblent atmosphere and causes the release of a new flow disturbance 
at the nozzle exit. This 1s amplified as it convects downstream, and the feedback 
loop is completed when 1t encounters the shocks. A notable feature of the screech 
tones is that the frequencies are independent of the radiation direction, the funda­
mental occumng at approximately f Uc/L(l + Mc), where Mc Ucfc, Uc 1s 
the convect10n velocity of the disturbance m the shear layer, L is the axial length 
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FIGURE 15.8 Jet noise spectra for shock-free and underexpanded jets at 0 90°, 
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of the first shock cell, and c is the ambient speed of sound. Although screech 
is often present in model-scale expenments and can be important for choked jet 
engines, it is usually easy to eliminate by minor modifications to nozzle design, 
for example, by notching. 

In pract1ce, it 1s the broadband, shock-associated noise that is important for 
supersomc Jet engines. lt can be suppressed by proper nozzle design, but it is 
always present for a convergent nozzle. The dominant frequencies are usually 
higher than the screech tones and can range over several octave bands. For predic­
tive purposes it is permissible to estlmate separately·the respective contributions 
of mixing noise and shock-associated noise to the overall sound power generated 
by the Jet. The mixing noise predict10ns are the same as for a shock-free jet. 

The overall SPL of shock-associated n01se is approximately independent of 
the radiation direction and may be estlmated from 

OASPL = Co + 10 x log 
13n A 

n ~ {: (/3 < 1) 
T; 

< 1.1 } (15.14) Co= 156.5 (dB) Ts 
(f3 > 1) 

Co= 158.5 (dB) {: (f3 < 1) 
> 1.1 l n Ts 

(/3 > 1) 
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where TJ total (reserv01r) Jet temperature, K 
Ts total amblent temperature, K 

f3 ✓MJ-1 
M1 = fully (ideally) expanded jet Mach nurnber, based on sound speed 

lllJCt 

The shock-associated noise spectrum exhibits a well-defined peak in the vicin-
1ty of 

Mc cos 0) 
(15.15) 

where the convection velocity Uc meters per secqnd is equal to 0.7U and 0 is 
measured from the jet axis. When T1 / T, > 1.1, the one-third-octave-band SPL 
(re 20 µ,Pa) 1s given by 

13n A (5.163 ) SPL = 143.5 + 10 x log RZ - 16.13 x log a 2_55 + 0.0960'0•
74 

+ 10 x log 1 + -- • L C(a)<' l 
{ 

17.27 N,-l [ -2 

Ns ,=o 

where C(a) 0.8 - 0.2 x log10(2.239/a 0
.2

146 + 0.0987a 2•75) 

a 6.91f3DNJ/c, dimensionless 
c = ambient speed of sound, m/s 

Ns = 8 (number of shocks) 
qij = (l.7ic/ U){l + 0.06[] + ½U + 1)]}[1 - 0.7(U /c) cos 0] 

(15.16) 

and n 1s defined as in (15.14). ln the case of a "coldJet," for which Tj/Ts < 1.1, 
the predicuon (15.16) should be reduced by 2 dB. 

The prediction procedure for shock-associated noise is applicable over ail 
angles 0 where shock cell noise is important (say, 0 > 50°). When used in 
con3unct1on with the prediction procedure for Jet mixing noise, the one-third­
octave-band sound pressure spectrum for the overall jet n01se may be eshmated 
by adding the respective contributions to each frequency band of the mean-square 
acoustical pressures of the mixing noise and the shock-associated noise. The 
influence of shock-associated n01se is illustrated in Fig. 15.8, which compares 
the spectrum of the jet mixing noise of a fully expanded, shock-free supersomc 
jet from a convergent-divergent nozzle at the same pressure ratio. In the latter 
case the spectral peak occurs at the frequency Jp given by Eq. (15.15). 
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Flight Effects 

The noise generated by a jet engine in flight is modified because of the joint 
effects of Doppler amplifications (discussed in Section 15.2) and the reduction 
m mean shear between the Jet flow and its envrronment. From an extensive series 
of experimental studies3 empmcal formulas have been developed to predict the 
SPL in flight m terms of the corresponding static levels. 

In the Mach number range of 1.1 < M. < 1.95 Jet mixing noise OASPL(0)füght 
is related to OASPL(0)static by 

[( 
U )m(0) ] 

OASPL(0)llight = OASPL(0)static -10 x log U _ Vf (1 - Mf cos <t)) 

m(e) [ (10 ~~!125 )
1 

+ -[3_1_+_1_8_.5_M ____ o_.3_7_M_)_0_]7 r!/? 

(15.17) 
where 0 = angle between jet axis and observer at retarded time of ernission 

of sound, degrees 
<l> = angle between flight direction and observer direction at retarded 

time of ernission of sound, defined in Fig. 15.2 
U fully expanded Jet velocity (relative to nozzle), mis 

VJ aircraft flight speed, mfg,·-·•,; 

Mf = flight Mach number relative to sound speed m air,= Vf/c 

The formula 1s applicable for 20° < 0 < 160°. For M < 1.1 and M > 1.95, the 
relative velocity exponent m(0) should be taken to be given by the above formula 
at M = 1.1, 1.95, respectively. 

Estimates of the one-third-octave-band SPL spectrum in flight can be made by 
using Fig. 15.6 with the OASPL deterrnined by (15.17) and the Strouhal number 
f D N / U replaced by that based on the jet veloc1ty: f D N / (U - v,). 

For shock-assoc1ated noise the influence of flight on both the spectrum and 
the OASPL is approx1mately g1ven by 

SPLflîg11t = SPLstanc - 40 log x(l - Mf cos 4>) (15.18) 

15.4 COMBUSTION NOISE OF GAS TURBINE ENGINES 

Jet m1xing noise and shock-associated n01se of high-speed Jet engmes are the 
result of sources m the flow downstream of the nozzle. Their importance has 
progressively dirninished in recent years with the introduction of large-diameter, 
high-bypass-ratio turbofan engines with much reduced mass efflux. velocities. 
In consequence, greater attention has been given to noise generated within the 
engine (termed core noise), which tends to be predommant at frequencies less 
tha11 1 kHz. Combust10n processes are a s1gnificant component of core noise, 
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both directly in the form of thermal monopole sources and indirectly through the 
creation of temperature and density tuhomogeneities ("entropy spots"), which 
behave as dipole sources when accelerated in nonuniform flow. 

The noise prediction scheme outlined below is based on an analys1s of com­
bustion noise of turbojet, turboshaft, a11d turbofan engines as well as model-scale 
data3 . Annular, ca11-type, and "hybrid" combusters were all mcluded m the val­
uation studies. 

The overall sound power level (OAPWL, m decibels) 1s a funcuon of the 
operating condiuons of the combuster and the turbine temperature extraction and 
rnay be estimated from the equation 

mc2 (D.T/Tr)(PJ/prsA) 
OAPWL = -60.5 + 10 x log TI + 20 x log [(D.T) ;t ]2 

ref ref s 

(15.19) 

where m combuster mass flow rate, kg/s 
P1 = combuster mlet total pressure, Pa 

D. T = combuster total temperature rise, K 
(L'.1.T)ref reference total temperature extraction by engme turbines at 

maximum takeoff conditions, K 
T1 = mlet total temperature, K 
T, sea-level atmospheric temperature, 288.15 K 

I1ref reference power, 10- 12 W 
PISA == sea-level atmosphenc pressure, 

10.13 kPa == 1.013 x 104 N/m 2 

c sea-level speed of sound, 340.3 mis 

This formulais expected to yield predictions that are accurate to w1thin ±5 dB. 
The one-third-octave-ba11d power level spectrum PWL(f) is given m terms of 

the OAPWL by 

PWL(f) OAPWL 16 x log[(0.003037 f)1.sso9 + (0.002051!)-1. 8168
] dB 

(15.20) 
where fis frequency (in hertz) and the formulais applicable for 100 Hz :S f :S 
2000 Hz. The spectrurn is essentlally syrnmetric about a peak at f = 400 Hz 
(Fig. 15.9). In applications where the observed peak frequency Jp differs slightly 
from this value, the spectrum in the figure should be shifted, retaining its shape, 
so that the peak coincides w1th observation. In (15.20), f would be replaced by 
400f/fp• 

The one-third-octave-band sound power pressure spectrurn may now be deter-
mined from the formula 

SPL -10.8 + PWL(f) 20 x log R 

[ 
1 10(4,333-0.1150)] 

2.5 x log (IO(l.633-O.O5670) + 10(19.43-0.2330))0.4 + 
(15.21) 
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FIGURE 15.9 One-third-octave-band frequency power level spectrum of combuster 
noise. 

where 0 = angle from Jet exhaust axis, degrees 
R observer distance, fil 

The peak radiation is predicted by (15.21) to occur at 0 ~ 60°, although at very 
low frequencies (::::200 Hz) the peak may be shifted slightly toward the jet axis. 

For an aircraft m flight at speed Vf, the modification of the predicted SPL 
may be estimated from Eq. (15.18). 

15.5 TURBULENT BOUNDARY LAYER NOISE 

The intense pressure fluctuations that can occur beneath a turbulent boundary 
layer are a source of sound and structural vibrations. The sound is produced 
directly by aerodynarruc sources within the flow and indirectly by the diffraction 
at discontinu.Ities m the wall (e.g., corners, ribs, support struts) of structural modes 
exc1ted by the boundary layer pressures. 

The pressure developed beneath a boundary layer on a hard wall is called the 
blocked pressure at1d 1s twice the pressure that a nominally ident1cal flow would 
produce if the wall were absent. Therms wall pressure Prms (in pascals) of the 
turbulent boundary layer can be estimated by5 

Prms ~ a,,* = a 
q ½0 + Tw/T) + 0.I(y l)M 2 

(15.22) 

TURBULENT BOUNDARY LAYER NOISE 

where a 0.006, dimens1onless 
q = local dynainic pressure,= ½pU2 , Pa 
p fluid density at outer edge of boundary layer, kg/m3 

U = free-stream velocity at outer edge of boundary layer, mis 
M = free-stream Mach number, U /c, dimens10nless 

c speed of sound at outer edge of boundary layer, mis 
T temperature at outer of boundary layer, K 

Tw = temperature of the wall, K 
y = ratio of specific heats of gas, dimensiohJ.ess 
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The quantity a (Prms/ q )incompressible, and Eq. (15.22) represents a mapping from 
an incompressible flow to the compressible state by means of the compressibil­
ity factor, s*. Recent measurements6 suggest that the currently accepted value 
a 0.006 may be too low and that a better approx1mat10n 1s Œ = 0.01. 

In many applications wall pressure flqctuations are substantially higher if the 
flow separates. For example, when separation occurs at the compression corner 
at a ramp or at an expansion corner, the rms wall pressure can typically exceed 
2% of the local dynainic pressure q. 

The structural response of a flexible wall to forcing by the boundary layer 
depends on both the temporal and spatial characteristlcs of the pressure fluctu­
ations. When the wall is locally plane, these can be expressed in terms of the 
wall pressure wavenumber-frequency spectrum P(k, w). This 1s the two-sided 
Founer transform (l/2n) 3 f~co Rpp(x1, x3, t) exp[-i(k x - wt)] dx1 dx3 dt of 
the space-time correlat10n function of the wall pressure Rpp· By convention, 
coordinate axes (x1, x2 , x3) are taken with x1, x 3 parallel and transverse to the 
mean flow, respectively, x 2 measured outward of the wall, and the wavenumber 
k (k1, k3) (in reciprocal meters) has components parallel to the x1, x3 axes 
only. The principal properties of the blocked-pressure spectrum P0(k, w), say, 
are understood only for low-Mach-number flows (M « 1). 

Wall Pressure Spectrum at Low Mach Number 

Here, Po(k, w) 1s an even fonction of w, and its general features are shown in 
Fig. 15.107 for w > 0 The strongest pressure fluctuations are produced by eddies 
m the convecttve ndge of the wavenumber plane that convect along the wall at 
about 70% of the free-stream velocity. The region k lkl < (J)jc (c = speed of 
sound, in meters per second) 1s called the acoustical domain, and ko w / c is the 
acoustical wavenumber. The adjacent subconvective domain (ko < k « w/ Uc) 
1s important to determinmg the structural response of the wall to forcmg by the 
turbulence pressures. In these regions 10 x log[Po(k, w)] 1s typically 30-60 dB 
below the levels in the convective domain. 

Pressure fluctuations in the acoustical domam correspond to sound waves m the 
fluid. When the wall 1s smooth at1d fiat, the generation of sound is dormnated by 
quadrupole sources in the flow,7 and the acoustical pressure frequency spectrurn 
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FIGURE 15.10 Turbulent boundary layer wall pressure spectrum at low Mach number 
for w8/U » 1, where 8 is the boundary layer th1ckness (m). 
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FIGURE 15.11 Coordinates defining the radiation of sound from a region of the wall 
of area A, 

TURBULENT BOUNDARY LAYER NOISE 

of sound produced by a fixed area of the wall (Fig. 15.11) is 

A . . 
2 R2 k5 cos2 0Po(ko sm 0 cos (/J, ko sin 0 sin cf>, w) 

where OASPL = 10 x log [ft cl>(ill) dw/(2O µ,Pa)2], dB 
A = area of wall region, m2 

R = observer distance from center of A, m 
(0, cf>) = polar angles of observer defined in Fig. 115.11 
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(15.23) 

Chase8 has proposed the following representat1on of the blocked-pressure 
spectrum that is applicable over the whole range of wavenumbers and 
is based on an empirical fit to experimental data in the convective and 
subconvective domains: 

wo 
-> 1 u 

where 8 = boundary layer th1ckness (distance from wall at which 
mean-flow velocity is equal to 0.99U), m 

p = mean fluid density, kg/m3 

v* = fnction veloclty, R:; O.O35U, mis 
Uc;:,,; O.7U, mis 
U mamstream veloc1ty at outer edge of boundary layer, mis 
w = radian frequency, = radis 

k+ = J(w - Uck1)2 /9v~ + k2, m- 1 

fJ ;:,,; 0.1, dimensionless 

(15.24) 

The first term in the curly brackets determmes the behav1or near the convective 
ndge and the second the low-wavenumber and acoust1cal domains. The numerical 
coefficient fJ controls the height of the spectral peak (Fig. 15.10) at the boundary 
k = ko of the acoust1cal domain and determines the intensity of the sound waves 
propagating parallel to the plane of the wall. 

Example 15.2. Estimate the frequency spectrum W(ill) of the power dissipated 
by flexural motion of a plane wall when the wall is excited by a low-Mach­
number turbulent flow over a region of area A whose normal impedance Z(k, w) 
(kg/m2 

• s) is independent of the orientaoon of k. 

Solution The 1mpedance satisfies Z(k, w) -p(k, w)/v2 (k, ill), where p and 
v2, respectively, denote the Fourier components of the pressure and normal veloc­
ity on the wall. Let Z = R iX, where R and X are the res1stive and reactive 
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cornponents of the 1mpedance, respectively. The total power delivered to the 
flexural motions 1s equal to Jt '1t(w) dw, where 

'1t(w) = 2A 100 

R(k, w)Po(k, w) d
2
k 

k>lkol R(k, w)2 + [X(k w) + pw(,[kLk5]2 

The flexural-mode wavenumbers are the roots k = kn, n 1, 2, 3, ... , of 

X(k,w)+pw/✓k2-k5 O. In practice, these usually lie in the low­
wavenumber region where Po(k, w) P

0

(k, w), so that, when R « X and Z 
1s a function of k = k and w only, 

'11(w) ;::::j L 4Tt
2
AknPo(kn,W) 

n 1(8/i:lk) [ X(k, w) + pw / ✓k2 - k5] lkn 

When the wall consists of a vacuum-backed, thln elastic plate ofbending stiffness 
B (kg• m2 /s 2), mass density m (kg/m2

) per umt area, and negligible damping 
R 0, we have X= -(Bk 4 - mw2)/w, and there is only one flexural mode that 
occurs at k k* > lko I such that 

4Tt2 Aw(k 2 - k2)Po(k*, w) 

* * mw
2 

'11 (w) 

where k* is the positive root of Bk 4 

- mw 2 pw 2

; /i:2 - k5 O. Numencal 
estimates may be made by substituting for Po(k*, w) from (15.24). 

15.6 NOISE FROM FLUID FLOW IN PIPES 

Pipmg system noise typically cornes mainly from control valves Section 
15.11) and hlgh-speeds machines (see Chapter 18). However, under some crr­
cumstances the noise induced by flow through milder discontinuities (bends, 
tees, swags, and other components) may be s1gnificant. Here we describe an 
approximate approach for estimating this type of flow-mduced noise. 

Pressure fluctuations in the turbulent boundary layer drive the wall of the pipe, 
causing it to radiate sound. As described in Section 15.5, the structural response of 
a flexible wall to forcmg by the boundary layer depends m a complex manner on 
both the temporal and spatial characteristics of the pressure fluctuations. Seebold9 

suggested the following approximate method for estimating the noise produced 
by fluid flow in p1pmg systems. The method estimates the noise that results 
from boundary layer pressure fluctuat10ns in fully developed turbulent flow m 
uninterrupted straight pipes10 and then applies a loss factor correction for local 
discontinmties. This loss factor correction is based on the notion that the sound 
power radiated at a discontinuity is approximately proportional to the square of 
the pressure drop ~p there and can therefore be related to the pressure head loss 
factor K, where ~p = K(½pU 2). 

SPOILER NOISE 631 

The sound pressure level at a distance of 1 m from the pipe m the octave band 
centered on frequency fc 1s approximated by 

SPL -3.5 + 40 log U + 20 log p + 20 log K 

[ 
t ( 1.83)] [Je ( fe)] - 10 log D 1 + D 5 log fr l - fr + ~L<fc) 

(15.25) 
where U = gas flow velocity, mis 

p = fluid dens1ty, kg/m3 

t pipe wall thlckness, m 
D = mside diameter of pipe, m 
fc octave-band center frequency, Hz 
fr = nng frequency of pipe, Hz; = 1608 / D for steel 
K = total loss factor per 10-diarneter pipe section, dimensionless 

The spectral correction ~L<fc) depends on the ratio of the octave-band center 
frequency fc to the Strouhal frequency of the pipe flow, fp = 0.2U / D, as11 

10.4 + 11.4 log fc for 
fc 

fp fp < 0.5 

7 for 0.5 :S ;; < 5 
1:!.L (15.26) 

14 10 log for s < le < 12 
- fp 

41.9 - 36.1 log fc 
fp 

for le 
Jp 

0.5 

When employing (15.25), the pipmg system should be thought of as bemg 
composed of segments 10 diarneters in length. The total loss factor K is deter­
mined by adding the mdividual loss factors K, for the flow fittings and elements 
present w1thln each 10-diameter segment of pipe. This total loss factor is then 
entered in Eq. (15.25) to estimate the flow noise emanating from that segment 
(at a distance of 1 m from the p1pe wall). Loss factors for various pipmg compo­
nents are provided in Table 15.2. For example, the loss factor for a straight pipe 
is taken to be 0.12 velocity heads per 10-diameter segment. On the other hand, 
a 10-diameter-long segment of piping containing an expander (1.5 • 1), an elbow 
(90°. R/ D 1.5), and a tee (flow-through run) would have a total loss factor of 
approximately 1, K ;::::j 0.1 + 0.33 + 0.5 ~ L 

15.7 SPOILER NOISE 

The term spoiler noise is used to characterize the n01se produced by an obstacle 
or other obstruction that spans a duct carrying a mean flow. We shall discuss the 
case of air flowing in a duct or pipe that may be regarded as "semi-infinite" when 
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TABLE 15.2 Pressure Head Loss Factors" K 
Straight p1pes (10-diameter- 0.121 
long segment) 

i 

45° Elbow Screwed ·0.42 • Welded, R/ D = 1 I 0.29 
i 

Welded, R/D 1.5 ! 0.21 

90° Elbow Screwed 0.92 Welded. R/ D = 1 0.45 Welcted, R/ D 1.5 0.33 

180° Elbow Screwed 2.00 Welded, R/D 1 0.60 Welded, R/ D = 1.5 0.43 

Tees Thru branch 1.80 Thru run 0.50 
(screwed) 

Tees . Thru branch 1.40 Thru run 0.40 
(welded) 

! 

Reducer D2/D1 = 0.3 0.25 D2/D1 0.5 0.17 i Di/D1 = 0.7 0.07 

·Expander D2/D1 = 3 0.80 D2/D1 = 2 0.56 D2/D1 = 1.25 0.10 

Sudden D2/D1 0.1 0.48 D2/D1 =0.33 0.41 D2/D1 0.8 : 0.12 
Contraction 

Sudden D2/D1=10 0.98 D2/D1 = 3 0.79 D2/D1 1.25 0.12 
Expans10n 

1 
"'""--··,:.) 

0 AfterRef. 9. 

1t is desired to estimate the acoustical radiation from the open end. A spoiler­
noise-generating system 1s shown schematically in Fig. 15.12. In practice, the 
spoiler may be a strut, stringer, guide vane, or other flow control device. The 
nominally steady mean flow exerts unsteady lift and drag forces on the spoiler, 
winch accordingly behaves as an acoustical source of dipole type. 

The following idealizations will be made: 

1. The spoiler can be of arbitrary shape, but its cross-flow dimensions are 
small relative to the pipe cross section. Tins ensures that the flow speeds 
near the spoiler are not significantly greater than the pipe mean flow speed 
and therefore that turbulence mixing noise ( quadrupole) can be neglected. 
Thus, the case of a valve, winch produces a severe throttling of the flow, 
is excluded (see Section 15.11). 

2. The peak frequency of the nmse spectrum is below the "cutoff'' frequency 
fco of the pipe, winch 1s given by 

_ { 0.293c/r 
fco - O.Sc/w 

Hz ( circular pipe) } 
Hz (rectangular pipe) 

(15.27) 

Hard-walled pipe 
or duct 

Toto! pressure drop C,.P 

~ 
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FIGURE 15.12 Flow spoiler system. The sound power is generated by the unsteady 
drag force on the spoiler and radiateJi from the open end of the pipe. 

where c sound speed, mis 
r = radius of crrcular pipe, m 

w = largest transverse dimension of rectangular pipe, m 

If this condition is not fulfilled, the propagated sound power near and above 
the peak frequency (which determines most of the overall sound power) will be 
mfluenced by transverse modes of the pipe. 

3. The pipe wall is acoustically The fluctuating lift forces on the spoiler 
are then canceled by unages m the wall, and sound is produced solely by 
the unsteady drag, which corresponds to an acoustical dipole whose axis 
is parallel to the mean flow. A low-noise spoiler system should therefore 
use bodies• of low drag, sucb as airfoils, rather than grids or other oddly 
shaped bodies. 

For several elementary flow spoiler configurations, such as the one shown in 
Fig. 15.12, the fluctuating drag is directly proportional to the steady-state d7:ag 
experienced by the body. This depends on the pressure drop ll P across the sp01ler 
(as measured by an upstream and a downstream total-pressure prob

0
e), and the 

broadband noise radiated from the open end of the pipe 1s given byL 

where WoA 
k 

WoA 

overall radiated sound power, W 
constant of proportionality, dimensionless 

(15.28) 
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t,p total pressure drop across spoiler, Pa 
D P pipe diameter, m 

p = atmospheric density, kg/m3 

c = atmosphenc sound speed, mis 

Specific mformation about spoiler geornetry is absent from (15.28) but is 
1mplicit in the pressure drop t,p. From a vanety of expenmental spoiler config­
urations the constant k is found to be about 2.5 x 10- 4 for air. 

Equat10n (15.28) deterrnmes the broadband sound power. It should strictly be 
regarded as a lower bound that is applicable only if there are no discrete-frequency 
components of the noise. These are present in certam conditions (e.g., excitation 
of edge tones) and may well stand out against the broadband levels.13 When such 
a mechanism has been 1dentified, the discrete tones can usually be elimmated or 
controlled by detuning or rounding off sharp corners or edges or cutting feedback 
paths by treating reflecting surfaces with sound-absorbent materials. 

The frequency spectrum measured outside the pipe for the n01se generated by the 
spoiler exhibits a haystack structure (Fig. 15.13) w1th a peak frequency given by 

Hz (15.29) 

where uc = constncted flow speed, mis 
d = projected w1dth of spoiler, m 
b = constant that equals 0.2 for pressure differences t,p of the order 

4000 Pa and 0.5 for t,p of the order of 40,000 Pa 

The constricted flow speed uc for cold air is g1ven in Table 15.3 as a function of 
t, P. Values in between those in the table can be interpolated. 

Example 15.3. Find the sound-power-level spectrum of n01se produced by 
a spoiler consistmg of a fiat plate of width 2 cm stretching across a circular 
pipe of mternal diameter D P = 5 cm. The pressure drop across the spoiler is 
1::,.p = 10,000 Pa. 

- ~ ., " ,, ;: 
.!!!o 
~ <1 

" ' g_ § 
' 0 
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Jî 

Frequency, Hz 

FIGURE 15.13 Generalizect octave-band spectrum for in-p1pe-generated spoiler noise 
referenced to the total power radiated from the open end and the peak frequency. 
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TABLE 15.3 Constricted Flow Speed uc for Cold 
Air as Function of Pressure Drop 

D,.P, Pa 2500 5000 10,000 20,000 30,000 40,000 
Uc, mJs 63 90 124 173 209 238 

635 

Solution From Eq. (15.28) the total sound power Lw Ro 101 dB re 10- 12 W. 
When t,p 10,000 Pa, the peak frequency of the spectrum can be expected to 
be at fp ~ 0.35uc/d. 

From Table 15.3, we find Uc = 124 mis; hence f p Ro 2170 Hz. The sound 
power spectrum in octave bands 1s obtamed form 15.13 with 101 dB added 
to the ordinate. 

15.8 GRID OR GRILLE NOISE 

The charactenstics of noise produced by flow through gnds, grilles, diffusers, 
guide vanes, or porous plates, which often terminate air conditioning ducts, are 
similar to those of spoiler-generated sound. The principal differences are that 
(1) the grid is located at the open end of the duct, (2) the duct cross-sectional 
area is typically quite large (say, 0.04-1 m2), and (3) the veloc1ty of the a1r in 
the duct is usually small, rarely exceeding 30 mis. The speed of the "air Jets" 
exhausting from the individual arr passages (or orifices) in a diffuser 1s generally 
low enough ( <100 mis) that Jet mixing noise can be neglected. The dominant 
sound source is of dipole type and is associated with the mteraction of the flow 
with the diffuser elements (e.g., gmde vanes). 

When a duct is terminated by a grid of circular rods (Fig. 15.14a), penodic 
shedding of vortices can occur, producing a fluctuating lift force on each rod 
and an associated tonal component of the radiated sound. This source is a dipole 
(whose axis is parallel to the lift direction) and is m addition to the drag dipole. 
The frequency of the tone is given approximately by 

f (15.30) 

where u = mean flow speed, mis 
DR diameter of rods, m 

Tonal oscillations produced by. a feedback mecl:ranism can also anse when the 
duct termmation cons1sts of a plate perforated with sharp-edged circular cylin­
drical apertures (Fig. 15.14b). 

In general, however, the noise produced by typical air conditioner grids is 
almost always broadband and of conventional dipole character, with the sound 
power varying as the s1xth power ofthe velocity. As m the case of spoiler noise, 
the overall sound power can be related to the pressure drop t,p across the grid, 
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(al 

{b) 

FIGURE 15.14 Spec1al cases of duct tenmnations: (a) circular rods; (b) sharp-edge cir­
cular cylindncal hales. 

mdependently of the specific grid geometry. To do this, we mtroduce the pressure 
drop coefficient 

(15.31) 

where p density of air. kg/m3 

u mean flow speed m duct prior to grid, mis 

Three typical diffuser configurations together with their pressure drop coefficients 
s are illustrated in 15.15.14 The values of s for sirnilar diffuser configurations 
are usually available from the manufacturer. If not, they may be estimated from 
this figure. 

If not given by the manufacturer, the overall sound power level Lw from air 
conditioning di:ffusers can be estimated from the empirical formula14 

(15.32) 

where S = area of duct cross section prior to diffuser, m2 

t::,p = pressure drop through diffuser, Pa 

The noise spectra of different diffusers do not exhlbit identical shapes even 
when normalized to similar flow speeds and exhaust areas. Construction dif­
ferences tend to emphasize di:fferent frequency regimes, and poorly designed 
diffusers will radiate discrete-frequency sound. In practical noise contml prob­
lems, however, a general spectrum shape Lw - 10 x log10(Ss 3) (dB re 10- 12 W) 
can be used for each duct velocity u (in meters per second) that fits most diffuser 
noise spectra to within about ±5 dB, as shown m Fig 15.16. 
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FIGURE 15.15 Vanous duct terminat:10ns and their pressure drop coefficients 
~ = t,.p / ½pu2 The duct area S is m square meters. (After Ref. 14.) 

To estimate the sound power spectrum of the radiation from a given dif-
first determine the relevant curve from Fig. 15.16 for the particular flow 

speed. The ordinate in the figure is then mcreased by 10 x log10(Ss 3) decibels to 
y1eld the desired one-third~octave-band spectrum with a margîn of error of about 
±5 dB. 
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FIGURE 15.16 Normalized one-thrrd-octave-band sound power level spectra for noise 
radiated from diffusers of varions flow veloc1t1es. (After Ref. 14.) 

15.9 SOUND GENERATION BY AIRFOILS AND STRUTS 

Noise of a Strut in a Turbulent Stream 

struts, airfoils, gmde vanes, and so on, which offer negligible drag to a 
mean ftow, frequently experience s1gnificant fluctuations in lift when exposed to 
a turbulent stream and behave as dipole-type sources of broadband sound. The 
strength of the radiation depends on the dimensions of the airfoil and on the 
turbulence intensity and correlation length of the veloc1ty fluctuations. 

A simple descnpt10n of the radiation can be given when the mean flow is of 
low Mach number (say, <100 mis in and when the distance to the nearest 
boundary (e.g., duct wall) is at least of the order of the acoustical wavelength. 
In these circumstances the frequency spectral density of the total radiated sound 
power TI(cv) is given approximately by 

:rcla2 pu 2 M3 (wA/ U) 4 

TI(w)--,----------'-,,------­
- 4(1 + Jtwa/U)[l + (wA/U) 2J5l2[1 + (cva/3c)3]1/3 

where cv = radian frequency, 21tf, fin Hz 
a chord of airfoil, m 

(15.33) 

SOUND GENERATION BY AIRFOILS AND STRUTS 

l = span of airfoil, m 
p = density of mean stream, kg/m3 

u = rms turbulence velocity m lift direction, mis 
U = veloc1ty of mean stream, mis 
M = mean flow Mach number. = U/c, dimensionless 

c = sound speed, mis 
A = integral scale of turbulence velocity, m 

639 

The total radiated sound power W = fa°° IT(cv) dw, in watts, can be esti­
mated from 

W= l.78(la 2 /A)pu 2 UM 3 

(1 + 10.7la/ A)(l + 1.79 Ma/ A) 
0 :S: M ::é 0.3 (15.34) 

At low frequencies the acoustical mtensity exhibits the characteristic dipole field 
shape, proportional to cos2 0, where 0 is measured from the direct10n of the mean 
lift. At h1gher frequenc1es (when the acoustical wavelength is much smaller than 
the chord of the airfoil but still exceeds the airfoil thickness), the field shape 
assumes a cardimd form, w1th a null in the forward direction and peaks close to 
the direction of the,mean flow. 

Airfoil Self-Noise 

In addition to gust/inflow turbulence-induced noise, an arrfoil can also generate 
self noise when turbulence that anses from the natural mstability of the boundary 

on the surface of the arrfoil 1s swept past the trailing edge. This 1s usually 
important when the hydrodynamic wavelength of the turbulence eddies is larger 
than the airfoil thickness at the trailing edge. The ~echamsm of noise production 
tends to be weaker than at the leading because the v10lence of the unsteady 
mot10n at the trailing edge 1s alleviated by vortex shedding into the wake, and 
to be more promment at lugher frequencies.15 

The noise may be ascribed to a distribution of lift dipoles near the trailing 
edge. At low frequencies the acoustlcal intensity exhibits the char.acteristic dipole 
field shape, proportional to cos2 0, w1th a null m the plane of mean motion of the 
airfoil. At higher frequencies (when the acoust1cal wavelength 1s smaller than the 
chord of the arrfoil) the field shape assumes a cardi01d form, with a null m the 
downstream direction and the peak in the forward direction. In either case, when 
the trailing edge 1s at nght angles to the mean flow, the frequency spectral density 
of the overall sound power TI(w) (in watt-seconds) is given approximately by 

TI :rclao.>2 100 P0(k1, o, cv) 
(cv) = 24pc 3 [1 + (wa/3c)3]1/3 _

00 
lk1I dki (15.35) 

where Po(k, cv) = blocked-pressure wavenumber-frequency spectrum on 
airfoil just upstream of trailing edge (see Section 15.5) 

k1 = wavenumber component parallel to mean flow, m- 1 
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If the flow approaching the trailing edge is turbulent on both sides of the airfoil, 
P0 (k1, 0, w) in Eq. (15.35) should be replaced by the sum of the wall pressure 
spectra on the two sides. 

When the Chase model [Eq. (15.24)] is used to est1mate the integral in 
(15.35), the frequency spectral density of the sound power radiated by a 

section of the airfoil of spanwise length l (in meters) 1s 

0.08alopv!Uc(Wô/ Uc)3 

TI(w) = -c3_[_1 _+_(_w_a_/3-c-)3-]--'-1/3-[-(cv_ô_/_U_c)_2_+_1._78-]2 

where ô boundary layer thickness, m 
v* = friction velocity, mis 
Uc ~ 0.7 x velocity of mean stream, mis 

(15.36) 

and other quantities are defined after Eq. (15.35).16 However, measured levels 
of I1(cv) frequently exceed predictions of this formula. More detailed empirical 
fonnulas are g1ven in the references.16,17 

When the frequency is high enough [beyond the range of applicability of 
Eq. (15.36)) that the Strouhal number wh/U ~ l, where h is the thickness of 
the trailing edge of the airfoil, the shedding of discrete vortices from the trailing 
edge can occur, provided the Reynolds number Ua/v based on the chord a of 
the airfoil (dimensionless; v 1s k:inematic viscosity m square meters per second) 
does not exceed 106 - 107 . This produce~a distinct contribution to trailing-edge 
noise, often called "airfoil singing," whose amplitude is not easily predicted.16 

15.10 FLOWS PAST CAVITIES 

Sheared flow passing over a hole or openmg m a wall can be the source of 
intense acoustical tones. Instability of the mean flow over such a wall cavity 
not only can excite hydrodynamic self-sustamed oscillations but also can couple 
w1th resonant acoustical modes of the cavity, as in the Helmholtz resonator. 
Cavity tones are a frequent source of unwanted noise and vibration in branched 
duct and pipmg systems, turbomachinery. and exposed opemngs on automobiles, 
aircraft, and other high-speed veh1cles. In this section we provide relationships 
for determining when flow over an opening that can be approximated as either 
a rectangular cavity (Fig. 15.17a) or a Helmholtz resonator (Fig. 15.17b) rnight 
be expected to exhib1t strongly resonant behav10r. 

Flow over Cavities of Uniform Cross Section 

For cavities of the type shown m Fig. 15.17a, resonant cavity oscillation occurs 
when the frequency associated with the shedding of vorticity from the upstream 
edge of the cavity is suffic1ently high and the acoustlcal wavelengths within 
the cavity are sufficiently short as to allow standing waves ms1de the cavlty. 
Longitudinal wave resonance is possible when the acoustical wavelength is less 

u-+ 

L 

(a) r 

FLOWS PAST CAVlTIES 

u----,.. 

(b} t 

A,, = Orifice Cross-Secuonal Area 

Ve= CavityVo!ume 

Ac= Cav1ty Ci'oss-Secuonal Area 
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FIGURE 15.17 Examples of flows that sustam cav1ty resonances: (a) rectangular cavity 
of uniform cross section; (b) non-axisymmetric Helmholtz resonator. 

than twice the cavity length, c / f S 2L, and depth resonance 1s observed when 
the acoustical wavelength is less than fqur times the cavity depth, c/f S 4D. 
For shallow cavities, where cavity lengtli-to-depth ratio is large (L/ D > 1), the 
longitudinal standing waves are dommant, while for deep cavitles (L/ D < 1) the 
depth resonance dorninates. 

Rossiter18 derived the following equatlon for the Strouhal number associated 
with longitudinal cavity resonance modes: 

m ~ 

M + 1/kv 
(15.37) 

where kv ratio of shear layer velocity to .free-stream velocity, Uc / U oo ~ 

0.57 
m = mode number. 1, 2, 3, . , dimensionless 
~ empirical constant,= 0.25, dimensionless 
L cavity length, m 

M = free-stream Mach number, U00 /c, dimens1onless 

Block19 developed the following relation for the longitudinal cavity modes that 
accounts for the dependence of the Strouhal number on the cavity L / D ratio as 
observed in experimental data for shallow (L/D > 1) cavities: 

JL 
Uoo 

m 

1.75 + M (1 + 0.514/(L/ D)) 
(15.38) 

The followmg relation for depthw1se modes of cavity oscillation was developed 
by East20• 

U
00 
=(~)(~)C+o.6~·tLD)0•75) (l

5
,
39

) 

Lucas,21 after comparing the ranges of validity of vanous cavity oscillation 
models, recommends, for low to moderate Mach number, the use of Block's 
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formula (15.38) for shallow (L/D > 1) cavitles. For deep cavities he suggests 
use of East's formula (15.39) to determine the resonance of the depth mode and 
Rossiter's fonnula (15.37) for the longitudinal resonance mode. For such deep 
cavities the depth resonance will be the dommant mode. 

Block19 combined Eqs. (15.38) and (15.39) so that the frequency for the shal­
low acoustical waves comc1des with the depthwise acoustical modes, providing 
the followmg fom1ula for estimatmg the Mach number at which a cav1ty begms 
to oscillate in a given mode m: 

M 
1.75L/ D 

4m[l + 0.65(L/ D) 0-75] - [(L/ D) + 0.514] 
(15.40) 

Equation (15.40) was shown by Block19 to g1ve adequate agreement w1th exper-
1menial data for Mach numbers in the range of 0.1-0.5 and for L / D < 2. 

Flow over a Helmholtz Resonator 

The natural frequency ln of the Helmholtz resonator shown in Fig. 15.17b is 
given by 

where c = sound speed, mis 
A0 = orifice cross-sectional area, m2 

Ve = cavity volume, m3 

Leff = effective neck length of orifice, m 

(15.41) 

The following approximate express10n22 for the effective neck length Leff m 
the presence of a mean fiow over the Helmholtz resonator accounts for an end 
correction due to the entrained mass of the vrrtual piston forming the interface 
between the neck and the extenor space (length !),.L0 ): 

Leff = Lo + !),.Lo 

= L0 + 0.48.jA;;- (15.42) 

where L 0 1s the length of the neck length of the orifice in meters. 
An expenmental study by Panton and Miller23 indicates a strong response of 

the Helmholtz resonator excited by a turbulent boundary layer when 

(15.43) 

where d0 = Helmholtz resonator neck diameter, m 
Uc = boundary layer convection velocity, ~ 0.7U, mis 
U = mamstream veloc1ty at outer edge of boundary layer, mis 
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In Eq. (15.43) ln 1s either the Helmholtz resonance frequency in (15.41) or 
the fundamental standing-wave (organ pipe) resonance. For the latter, the natural 
frequency 1s approxrmately given by 

~ C 
fn = 2L 

eff 
(15.44) 

Example 15.4. Many automobiles have a sunroof opening in their roof. Under 
some conditions the mtenor volume of the automobile cabin can act in combi­
nation w1th such an openmg to create a Helmholtz resonator: If no measures are 
taken to prevent such an occurrence, at what speed m1ght we expect the auto­
mobile' s passengers to experience intense pressure fluctuations given a cabm 
mtenor volume of approxinlately 3 m2 , a square opening m the roof 0.4 m on a 
s1de, and a combmed thickness of the roof and edging surrounding the opening 
of approximately 10 cm. ", 

Solution Assnming an arr temperature of20°C, the spe7d of sound c 331.5 + 
0.58T (in °C) = 343.1 mis. The orifice cross sectional area A0 = 0.4 x 0.4 = 
0.16 m2 , The effective length of the opening is given by Eq. (15.42) as = 
0.1 + 0.48,Jo.16 = 0.29 m. Applymg the above values and the cavity volume 
of Ve= 3 m2, from Eq. (15.41) we expect the Helmholtz resonance to occur at 
ln = 23 .4 Hz. We take the neck diameter to be given by the length of the opemng, 
d0 0.4 m. Substituting this value and that of the resonance frequency mto 
Eq. (15.43), we eau solve for the convection velocity, Uc ~ 2 x 0.4 x 23.4 = 
18.7 mis. The corresponding velocity of the mamstream, and thus our estimate of 
the vehicle speed at which we expect to strongly excite the Helmholtz resonance, 
is U = Uc/0.7 = 26.7 mis, or 96 kph. 

15.11 AERODYNAMIC NOISE OF THROTTLING VALVES 

The n01se of gas control or throttling valves may generally be associated w1th 
two sources: (1) mechanical vibrat10n of the tnrn and (2) aerodynarnic throttling. 
Noise generation by these mechamsms rarely occurs simultaneously, but when it 
does, the cure of one is usually the cure of the other. 

Aerodynamic Noise 

The prediction of the n01se radiated from the body of a valve and from the 
downstream piping connected to it mvolves the followmg conceptual steps: (1) 
prediction of the magnitude and the spatial and spectral distribution of the noise 
ms1de the pipe based on the aerodynarmc charactenstics of the valve and the cross 
sectional area of the pipe, prediction of the vibration response of the pipe to 
the mternal sound field, (3) prediction of the sound radiatmn of the vibrating pipe. 

In Step 1, the sound power generated by the valve has two components. 
The first is owmg to the dynamic drag and lift forces (dipole) generated by the 
mteraction of the turbulent fiow with the valve, which are roughly proportional 
to the s1xth power of the flow velocity. The second is sound power generated by 
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the Jet n01se component (quadrupole ), which 1s roughly proportional to the eighth 
power of the jet exit veloclty. At very high pressure ratios, when the fiow in the 
valve passage is supersonic, a shock pattern emerges downstream of the valve 
and generates intense screech noise. The dipole mechamsm d01ninates the intemal 
sound field at low Mach numbers and the quadrupole at high Mach numbers. 

Based on the scaling of experimental data,24 the lowest pipe wall attenuation 
occurs at fo (fR/4)(cgas(T)/co), where fR is the nng frequency (Eq.15.58) 
and Cgas(T) and c0 = 340 mis are the speed of sound of the gas in the pipe at 
local temperature and the that of air at room temperature respectively. 

A fully analytical prediction procedure is too cumbersome. Consequently, the 
valve industry has adopted a prediction procedure based on both analytical and 
empirical methods that predicts the sound pressure level of the valve n01se at 1 
meter from the pipe wall directly from the aerodynarmc properties of the valve 
and the geometric and material properties of the pipe. The rest of this chapter 
describes this serni-empirical prediction procedure. 

Investigations of noise-induced pipe failures25 have enabled maximum safe 
sound power levels to be established for given pipe sizes and wall thicknesses, 
as indicated in Fig. 15.18. The power levels shown m the figure correspond 
approx1mately to a sound level of 130 dBA at 1 m from the pipe wall downstream 
of the valve. Exceeding this level will most probably lead to pipmg failure, and a 
lirnit of 110 dBA at 1 m is recommended for safety and to maintain the structural 
integrity of valve-mounted accessories. 
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FIGURE 15.18 Suggested sound power level and sound power (Kw) lirruts ms1de pipe 
to avoid structural pipe failure based on actual occurrence.24 
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FIGURE 15.19 Schemanc flow profile and static pressure diagram of throttling valve 
for various downstream pressures (P2) . 

The aerodynamic noise 1s deterrnined by the mechanical stream power 
Wmech strm = ½mU 2 (m bemg the mass flow and U the velocity; see Section 15.3) 
that is converted from potential energy (inlet pressure) to kinettc energy ( velocity 
head) w1thin the valve and subsequently to thermal energy (corresponding 
to reduced downstream pressure and an increase m entropy).26 The pressure 
reductton (i.e., the conversion of kinetic mto thermal energy) occurs via the 
generatlon of turbulence or, when the flow is supersonic, through shock waves. 
The sound power is equal to 71Wmech stn:n, where rJ 1s an acoustical efficiency 
factor. Unlike the case of a jet dischargmg mto the atmosphere, the jet from a 
valve cannot expand freely, and only a fraction of the kinetic energy is converted 
by turbulence into thermal energy. This 1s illustrated m 15.19, which 1s a 
schematlc view of a throttling valve and the associated pressure profile for vanous 
downstream pressures P2 .* On curve A the flow is subsomc, and turbulence­
generated sound 1s predorninantly of dipole type. At the critical pressure rat10 
(Pr/ P2 = 1.89 for arr), curve B shows the presence of incipient shock waves 
followed by subsonic recompression, with both turbulence and shocks as noise 
sources. At higher pressure ratios recompress1on tends to be nonisentropic, and 
sound is produced predorninantly by shock waves (curve D). 

*In the rest of this chapter ail pressures are absolute stalle pressures (in pascals). 
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Downstream of the vena contracta (D 1 m Fig. 15.19) a port10n of the velocity 
head is always recovered. The fraction lost is equal to Ff, where FL 1s an 
experimentally determmed pressure recovery coefficient that depends on valve 
type and s1ze. The pressure drop P1 - P2 across the valve requrred to reach somc 
velocity in the vena contractais Ff(P 1 - P0), where Pois the static pressure in 
the vena contracta.26 In subsonic flow the remaining portion of the Jet power 
is recovered through 1sentropic recompress1on and is not converted to sound. If 
there were no pressure recovery at the valve orifice and assuming sonic flow at 
speed in c0 meters per second (curve D in Fig. 15.19), 

Wmech sirm (15.45) 

where m is the mass flow in kilograms per second, wh!ch also determines the 
valve flow coefficient Cv [see Eq. (15.50) or Table 15.4] together with the specific 
gravity G I of the vapor or gas (relative to arr= 1) and the valve inlet pressure 
P1 (in pascals) such that 

The total sound power is then 

w 

Lw 

T/ W mech stnn W 
-•-•,"" 

17W 
10 x log dB 

(15.46) 

(15.47) 

(15.48) 

When the pressure ratio is not sonic, 17 should be replaced by the acoustical power 
coefficient 1Jm determined below and (to s1mplify the calculations) should be used 
in conjunctIOn w1th the sonic mechanical stream power g1ven by Eq. (15.45). The 
acoustical power coefficient is further used in Eq. (15.53). 

It may be remarked that the pressure recovery coefficient FL can be used to 
predict the pressure Po in the vena contracta and also, to a satlsfactory approxi­
mation, the area Av of the vena contracta by 

(15.49a) 

5.91 X 104 
(15.49b) 

The valve's flow coefficient Cv can be calculated as follows: 

Cv (15.50) 
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TABLE 15.4 Factors for Valve Noise Prediction {Typical Values) 

Percentage of 
Capacity or 

Valve Type Flow To Angle of Travel Cv/D2,a FL Fd 

Globe, smgle-port parabolic plug Open 100% 0.020 0.90 0.46 
Globe, smgle-port parabolic plug Open 75% 0.015 0.90 0.36 
Globe, smgle-port parabolic plug Open 50% 0.010 0.90 0.28 
Globe, single-port parabolic plug Open '25% 0.005 0.90 0.16 
Globe, smgle-port parabolic plug Open 10% 0.002 0.90 0.10 
Globe, single-port parabolic plug Close 100% 0.025 0.80 1.00 
Globe, V-port plug Open 100% 0.016 0.92 0.50 
Globe, V-port plug Open 50% 0.008 0.95 0.42 
Globe, V -port plug Open 30% 0.005 0.95 0.41 
Globe, four-port cage Open 100% 0.025 0.90 0.43 
Globe, four-port cage Open 50% 0.013 0.90 0.36 
Globe, six-port cage Open 100% 0.025 0.90 0.32 
Globe, six-port cage Open 50% 0.013 0.90 0.25 
Butterfly valve, swmg-through vane 75° open 0.050 0.56 0.57 
Butterfly valve, swmg-through vane 60° open 0.030 0.67 0.50 
Butterfly valve, swmg-through vane 50° open 0.016 0.74 0.42 
Butterfly valve, swing-through vane 40° open 0.010 0.78 0.34 
Butterfly valve, swing-through vane 30° open 0.005 0.80 0.26 
Butterfly valve, fluted vane 75° open 0.040 0.70 0.30 
Butterfly valve, fluted vane 50° open 0.013 0.76 0.19 
Butterfly valve, fluted vane 30° open 0.007 0.82 0.08 
Eccentnc rotary plug value Open 50° open 0.020 0.85 0.42 
Eecentnc rotary plug value Open 30° open 0.013 0,91 0.30 
Eccentnc rotary plug value Close 50° open 0.021 0.68 0.45 
Eccentnc rotary plug value Close 30° open 0.013 0.88 0.30 
Ball valve, segmented Open 60° open 0.018 0.66 0.75 
Ball valve, segmented Open 30° open 0.005 0.82 0.63 

0 D 1s the intemal pipe diameter in mm. 

Acoustical Efficiency 

At Mach 1 a free Jet has an acousncal efficiency 17 ~ 10-4 If it is assumed 
that the sources of valve n01se are dipoles and quadrupoles of equal magmtude 
(5 x 10-5) at the Mach 1 reference point, then therr respective efficienc1es are 
represented by curves A and B m Fig. 15.20, and both curves can be combmed 
to yield a subsonic slope C that ongrnates at 1 x 10- 4 and vanes as U3•6 . This 
curve can be modified further to account for the decrease m Wmech stnn (cx.U 3

) 

with subsonic velocities, leading to the final curve D for the effective efficiency 
(i.e., acoustical power coefficient) 1'/m that varies as U6

•
6 or (Pi/ Po - 1)257 

when U ex (Pi/Po 1)0•39, Po bemg the static pressure in the vena contracta. 
This approximation gives satisfactory results for 0.38 ::S M ::S 1 (i.e., down to 
Pi/P2 = 1.1). 
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FIGURE 15.20 Slopes of dipole and quaâ'rupole acoustical efficiency curves, assummg 
each has equal strength at Mach 1; their combined slope and the T/m curve after subtracting 
the effects of change in mass flow m and orificial veloclty U for regions below Mach 1 
from the combmed curve. 

For practical use It is convenient to express IJm in terms of Pi/ P2 = inlet pres­
sure/outlet pressure. The following formulas28•29 may be used for this purpose: 

regime 1: Pi/ P2 < Pif P2cnuca1 (subsonic): 

( 

p p , 2.6 

IJmr - L 2 
- 10-4p2 1 2 ) 

P1Fi - P1 + P2 

regimes Il and ID: Pr/ P2crirical < Pif P2 < 3.2a: 

1'/mII 

regime IV: 3.2a < Pif P2 < 22a (M1 > 1.4): 

T/mrv = 1.32 x 10-3 Ft ( Pif P2 ) 
Pif P2break 

(15.51a) 

(15.51b) 

(15.51c) 
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regime V: Pif P2 > 22a (constant efficiency): 

~ /-' 

1/mv maximum value from regime IV (15.51d) 

where a (Pif P2cririca1)/1.89 

Pr/ P2break = ayrf(y-I) at M = ./2 
y ratio of specific heat of gas 

Pd P2critica1 Pr/(Pi O.SP1Ff) 

The values of these parameters may be taken from Table 15.5. 
When the downstream piping is straight and there are no sudden changes m 

cross-sectional area, the highest internai }-octave band sound pressure level L pt 

(re 2 x 10-5 Pa) downstream of the valve 1s given by 

where. Di internal cliameter of downstream pipe, m 
G f = specific gravity of gas relative to arr at 20°c 
co = ✓Y Po/ Po, mis (speed of sound) 
y = ratio of specific heats 

Po = gas dens1ty at vena contracta, kg/m3 

Pipe Transmission Loss Coefficient 

(15.52) 

Knowledge of the peak internal sound frequency Jp is crucial for a proper pre­
diction of the pipe transmission loss coefficient Ti The coefficient Ti does not 
vary s1gnificantly between the first cutoff frequency fo [see Eq. (15.58)] and the 
ring frequency fR of the pipe (see lower curve in Fig. 15.21), but variations can 
be large at other frequenc1es. The slope of Ti 1s about -6 dB per octave below 
fo and +6 dB per octave above fr. 28 

For Mach numbers in the pipe less than about 0.3 and for relatively heavy 
pipes (as found in typ1cal process plants) it may be assumed that the minimum 

TABLE 15.5 Important Pressure Ratios for Air" 

FL 0.5 0.6 0.7 0.8 0.9 1.0 
Pi/ P2 critical 1.13 1.20 1.30 1.43 1.61 1.89 
Pif Pz break 1.95 2.07 2.24 2.40 2.76 3.25 
a Ratio 0.60 0.64 0.68 0.76 0.85 1.0 
22a 13 14 15 16 19 22 

Note: Pif Po crttical = 1.89. 
aMay be usect for other gases with reasonable accuracy. 
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FIGURE 15.21 Test data taken on a 150-mm globe valve showmg good agreement 
usmg the stated transnussion loss equation. Notice the resultant shift fu the peak sound 
frequency Uv) from ~4.8 kHz inside the pipe to the first cutoff frequency of the pipe 
(fo) at 25 kHz outside the pipe. 

transmission loss occurs at fo and is given by28 

(15.53) 

where r = distance from pipe wall to observer, m 
t P thickness of pipe wall, m 

Di internal pipe diameter, m 
P2 internal staüc pressure downstream of valve, Pa 
Pa = external static pressure at same downstream distance, Pa 

Typ1cal values are given m Table 15.6. For flmds w1th higher somc velocitJ.es 
and for thinner pipe walls, the mimmum value of shifts toward the ring 
frequency fR Bq. (15.58)]. 

AERODYNAMIC NOISE OF THROTILING VALVES 

TABLE 15.6 Minimum Pipe Transmission Loss 
Coefficient Tit.U 

Pipe Schedrue 

Nominal Pipe Size, m 40 80 

0.025 72 76 
0.050 65 69 
0.080 64 68 
0.100 60 64 
0.150 57 "61 
0.200 54 58 
0.250 52 57 
0.300 51 56 
0.400 50 55 
0.500 48 53 

a At 1 m distance from steel pipe (dB) for 200 k:Pa mt:emal and 
100 k:Pa external air pressure. Pipe schedules per ANSI B36.10. 
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The total transmission loss coefficient for the valve is now expressed in the 
form 

(15.54) 

where the correction ATLJ. (in decibels) 1s determined by the peak noise fre­
quency according to 

fo 
20 x Iog­

fp 

13 x log Jp 
fo 

20 X log fv +7.8 
4fo 

The peak frequency is est1mated from29 

where c0 = speed of sound at vena contracta, mis 
D j = Jet diameter at valve orifice 

and 

fp .:S fo 

(15.55) 

fp > 4fo 

(15.56) 

(15.57) 
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, . 5000 
for steel pipes and air fR ~ -­

n D; 

For agas other than air fo must be multiplied by co,gas/co,arr-

(15.58) 

The diameter Di 1s difficult to determine because of the complex flow geom­
etry in many valves. A reasonable approximation is to use the hydraulic diameter 
DH as the jet diameter and make use of a valve-style modifier (see Table 15.4) 
to obtain 

(15.59) , 

This formula is not applicable if Jet port10ns combme downstream (usually at 
higher pressure ratios). This is common with multiple-hale valve cages,30 short­
stroke parabolic valve plugs in the "flow to close" direction, and butterfly valves 
at larger openings. 0 

The extemal sound level (measured at 1 m from the wall) is now given by 

(15.60) 

where Lg is a correct10n for fluid veloc1ty m the pipe: 

(15.61) 

The laboratory test data shown in Fig. 15.21, taken with air on a DN150 globe 
valve, exhiblts good agreement between predicted and measured extemal valve 
sound levels using TL calculated from Eq. (15.54). In the absence of unusual 
phenomena such as jet "screech," Eq. (15.60) is found to be accurate to within 
±3 dB assummg that all the valve coefficients are well established. 

Accounting for Additional Noise due to High Velocities in Valve Outlet 

Gas expanding in volume due to pressure reduction in a valve can cause high 
valve outlet velocities. These, in tum, can create secondary n01se sources in the 
downstream pipe or pipe expander.31•32 

The first step is to estimate the valve' s outlet velocity (limited to sonic c2): 

(15.62) 

where d, 1s the valve diameter in meters. 
The intemal sound pressure level produced by this velocity 1s 

( 
3 WmR) 

LpiR = 65 + 10 log MR Df (15.63) 
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Here 

(15.64) 

and 
(15.65) 

Use Eq. (15.60) to calculate the extemal sound level LR, substituting LpiR for 
Lp,, and using Eq. (15.54) to calculate TL, here fî,Ubstltutmg fpR for Jp, where 

(15.66) 

The cornbined estimated extemal sound level at 1 m from the pipe from both 
the valve and the downstream piping now is 

(15.67) 

The reader m encouraged to review reference 24, which illustrates the use of 
the prediction procedure in numerous examples. 

Methods of Valve Noise Reduction 

The two basic variables controlling the valve no1Se are the jet Mach number M1 
and the mtemal peak frequency fp- In subsonic flows lower jet velocities can be 
achieved by use of a valve trirn that is less streamlined (h :::: 0.9, say). 

At higher pressure ratios the only remedy 1s to use orifices or resistance paths 
in series, so that each operates subsonically. Such a "zig-zag" path valve is shown 
in Fig. 15.22. For example, for natural gas w1th an inlet pressure of 10,000 k:Pa 
that is to be throttled down to 5000 kPa and assurmng a valve pressure recovery 
factor FL = 0.9, the interna! pressure ratio Pd Po for a single-stage reduction 
would be Pi/ P2a 2.35 • l. However, using the trim from Fig. 15.22 w1th 10 
reduct10n steps, the orific1al pressure ratio for each step 1s now only 1.603 " 1 w1th 
an acoustical power coefficient of only 1.1 x 10- 7 Ignoring the partial addition 
of 10 separate power sources, this represents a noise reduction of about 30 dB. 

A less costly way to reduce "audible" valve noise is to mcrease the peak 
frequency by usmg mult10rifice trim, as shown in 15.23. The throttling is 
still single stage, but the Jets are divided into a number of parallel ports. This 
reduces the value of the valve style modifier Fd ~ 1/ ,.Jn;, where n0 1s the number 
of equally sized parallel ports. Since Fd 1s proportional to jet diarneter D j, Jp 

can be shifted to higher levels. Thus if n0 = 16, as in Fig. 15.23, Fd = 0.25 and 
Jp 1s four trmes higher than for a single orifice (Fd = 1) with the same total 
flow area. If the peak frequency occurs in the mass-controlled reg1on, an overall 
reduction m the extemal (audible) sound level of t:i.TLfp 20 x log(fpJJ p,) = 
20 x log(l/0.25) ~ 12 dB is achieved. 
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Single llow area,multi-step valve plug 

FIGURE 15.22 High-pressure reducing valve using multlple-step trim with a single 
flow path. Ideally each step will have subsomc orifice velocity. 

The benefic1al effects of a reduction m velocity combined with hlgher trans­
miss10n. loss caused by increased frequency are obtained w1th the elaborate 
arrangement shown m Fig. 15.24. This combines the multistep and multipath 
approach by use of a layer of disks having mdividually cast or etched channels. 

A more economical solution is to couple a static downstream pressure-reducing 
device, such as a multihole restnctor, w1th a throttling valve w1th a fluted disk 
as mdicated m Fig. 15.25. The fluted disk generates multiple jets with increased 
noise frequencies, although most of the energy is converted by the statlc pressure 
plate. At maximum design flow the valve is sized to have a low pressure ratio of 
1. 1 or 1.15 and the remamder of the pressure reduction occurs across the statlc 
plate having inherent low-nmse throttling due to multistage, multihole design. 

The most advanced and most compact form of a low nmse valve trim 1s 
shown m Fig. 15.26. lt consists of identical stamped or eut plates and consti­
tutes a two-stage dev1ce, hence the narrow envelope. The dev1ce combmes a 
supersonic first stage with a subsonic second stage for lowest overall aconstic 
efficiency, while retammg the final high frequency peak outlet sound level for 
high transmission losses. 
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!' 
\.. Rectangular -­

Jets 

Multi-orifice cage tnm 

Slotted 
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FIGURE 15.23 Slotted valve cage subdivides smgle-step flow path in 16 separate open­
mgs (Fd = 0.25) to mcrease peak frequency and thereby transmission loss. 

Labyrmth type cage mserl 

FIGURE 15.24 Labyrmth-type flow path cast or machmect into each of a stack of metal 
plates surrounding a valve plug to provide a combmatlon of multistep and multichannel 
flow paths in order to reduce throttling veloc1ty and increase peak frequency. 
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FIGURE 15.25 Modulatmg fluted butterfly valve cooperates with triple-stage stahc 
res1stance plate for purposes of pressure reduction. Stalle plates see 90% of pressure 
drop at maximum design flow. Balance is handled by the valve. 

FlowOut 

Flowln 

FIGURE 15.26 A stacked trim made from ident1cal plates offers most advanced noise 
reductlon. Here gas enters inlet orifices (A) configured as supersomc diffusers. These 
orifices convert about 95% of the stream power of the gas through a mechanism of shock 
waves; the gas then expands mto sound-absorbing settling chambers (B) and finally exits 
the trim through a senes of small subsoruc passages (C). 

Placing a sîlencer downstream of a valve is not cost effective because a good 
portion of the sound power travels upstream or radiates through the valve body 
and actuator, yielding noise reductions that typically do not exceed about 10 dB. 
Similar remarks apply to acoustical msulation of the pipe wall, where attenuatlons 
are linnted to about 15 dB. The effectlveness of vanous abatement procedures 1s 

summarized below: 

1. One-inch-tlnck pipe msulation: 5-10-dB reduction 
2. Doubling thickuess of pipe wall: 6-dB reduction 
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3. Silencer downstream: 10-dB reduction 

4. Sîlencers upstream and downstream: 20-dB reduction 
5. Multiport resistance plate downstream of valve: 15-20-dB reduction (use 

only 5-10% of valve inlet pressure as valve l:::.P at maximum flow) 
6. Special low-noise valve: 15-30-dB reduction 
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CHAPTER 16 

Prediction of Machinery Noise 

ERIC W. WOOD AND JAMES D. BARNES 

Acentech, Inc. 
Cambridge. Massachusetts 

Engineering mformation and predictton procedures are presented describmg 
the sound power emiss1on characteristics of various industrial machinery. The 
types of equipment addressed in this chapter include arr compressors, boilers, 
coal-handling eqmpment, cooling towers, air-cooled condensers, diesel-engme­
powered equipment, fans, feed pumps, gas turbmes, steam turbines, steam 
vents, transformers, and wind turbines. The informat10n has been extracted from 
consulting project files and the results of field measurement prograrns. The 
machinery noise prediction procedures are based on studies of empirical field 
data sponsored by numerous clients, mcluding the Edison Electric lnstitute and 
the Empire State Electric Energy Research Corporation, for whom references 
1-3 were prepared w1th the authors' colleagues: Robert M. Hoover, Laymon N. 
Miller, Susan L. Patterson, Anthony R. Thompson, and Istvan L. Vér. 

Charactenstics identified and described for the n01se produced by the machmes 
discussed in this chapter include the estimated overall, A-weighted, and octave­
band sound power levels (Lw) in dB re 1 pW, general directivity and tonal 
characteristics observed m the far field of the source, and temporal characteristics 
associated v.r:ith the source operat10n, In addition, n01se abatement concepts that 
have proven to be useful to the authors dunng previous consulting projects are 
described bnefly. Successful n01se control treatments often require a detailed 
understanding of site-specific operating and maintenance requirements as well 
as pertinent acoustical conditions at the site. We suggest that acoustical design 
handbooks or experienced acoustical engmeermg professionals be consulted when 
guidance is needed for specific design applications. 

The information and procedures presented here can be used for numerous 
engineenng applications requinng predictions of the approximate acoustical char­
acteristics of new machmery installations and estimates. of the noise attenua­
tion that may be needed to meet local reqmrements. The prediction procedures 
are expected to provide A-weighted sound-power-level estimates that are gen­
erally accurate to withm about ±3 dB. Indiv1dual octave-band sound-power­
level estimates will necessarily be somewhat less accurate than A-weighted 
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CHAPTER16 

Prediction of Machinery Noise 

ERIC W. WOOD AND JAMES D. BARNES 

Acentech, Inc. 
Cambridge, Massachusetts 

Engmeering mfonnation and prediction procedures are presented describmg 
the sound power en11ss10n characteristics of vanous industnal rnachinery. The 
types of equipment addressed m this chapter mclude a:ir compressors, boilers, 
coal-handling eqUipment, cooling towers, air-cooled condensers, diesel-engine­
powered eqmpment, fans, feed pumps, gas turbines, steam turbines, steam 
vents, transformers, and wind turbines. The informat10n has been extracted from 
consulting proJect files and the results of field measurement programs. The 
machinery noise prediction procedures are based on studies of emp1rical field 
data sponsored by numerous clients, including the Edison Electnc Institute and 
the Empire State Electric Energy Research Corporation, for whom references 
1-3 were prepared with the authors' colleagues: Robert M. Hoover, Laymon N. 
Miller, Susan L. Patterson, Anthony R. Thompson, and Istvan L. Vér. 

Characteristics identified and described for the n01se produced by the mach.mes 
discussed in tlns chapter mclude the estimated overall, A-we1ghted, and octave­
band sound power levels (Lw) in dB re 1 pW, general directivlty and tonal 
characteristics observed m the far field of the source, and temporal characteristlcs 
associated with the source operation. In addition, noise abatement concepts that 
have proven to be useful to the authors dunng prev10us consultmg pro3ects are 
described briefly. Successful noise control treatments often require a detailed 
understanding of site-specific operatmg and mamtenance requirements as well 
as pertinent acoustical condit10ns at the site. We suggest that acoustical design 
handbooks or experienced acoustical engineermg profess1onals be consulted when 
guidance is needed for specific des1gn applications. 

The information and procedures presented here can be used for numerous 
engineering applications reqUinng predictions of the approx1mate acoustical char­
acteristics of new machinery installations and estimates. of the noise attenua­
tion that may be needed to meet local reqmrements. The prediction procedures 
are expected to provide A-weighted sound-power-level estimates that are gen­
erally accurate to w1thin about ±3 dB. Indiv1dual octave-band sound-power­
level estimates will necessarily be somewhat less accurate than A-weighted 
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sound-power-level estimates. The prediction procedures estimate the eqmvalent 
(energy average) Leq sound power level during operation of one machine. For 
eqmpment with intermittent operating cycles, the estimated sound power lev­
els may be reduced by 10 log (operating cycle) if long-term equivalent values 
are reqmred. When several identical machines are operating simultaneously, the 
sound power levels can be increased by 10 log (number of machines). When 
equipment 1s located within a large plant, other nearby large equipment may 
provide some shielding that will reduce the noise radiated to distant neighbors 
in shielded directlons Chapter 7). When equipment 1s located within an 
enclosed plant, a portion of the acoustical energy will be diss1pated inside the 
plant, leading to further reductions in the far-field noise. One should note that 
doors, windows, and ventilation opemngs can substantially diminish the acous­
tical performance (composite sound transmission loss) of building exterior walls 
(see Chapter 12). 

The reader should try to obtam acrual field data and/or manufacturers' infor­
mation whenever possible for machines being studied. Information about the 
noise produced by gas flows and fans in buildings is presented in Chapters 15 
and 17. Noise abaternent mformation is provided in several other chapters. Indoor 
sound field characteristics are described m Chapters 6 and 7, and outdoor sound 
propagation 1s discussed in Chapter 5. The n01se emiss1on information pro­
v1ded in this chapter is representative of eqmpment presently available in the 
Umted States. Equipment in use in other countries may produce noise levels that 
are somewhat different than presenteèrhêre. Prediction formulas for the over­
all sound power level are provided in the text of this chapter. Adjustments to 
predict the A-weighted and octave-band sound power levels are provided in 
Table 16.1. 

16.1 AIR COMPRESSORS 

The n01se produced by air compressors 1s radiated frorn the filtered air inlet, 
the compressor casmg, the interconnected piping and interstage cooler, as well 
as the motor or engme used to drive the compressor. The noise produced by 
arr cornpressors can exbibit a distinctive duty cycle based on the demand for 
cornpressed aIT and is generally cons1dered ornmdirectional and broadband and 
absent pronrinent discrete toues. The arr inlet n01se of certain vacuum pumps 
sometimes includes high levels of low-frequency pulsating noise. 

N01se-est1mating procedures presented in this section are applicable to conven­
tional industrial-, utility-, and construction-type air compressors w1thout special 
noise abatement packages. Air compressors are often available from their man­
ufacturer with special noise abaternent packages that mclude various types of 
inlet mufflers, laggings, insulations, and enclosures that provide varying degrees 
of noise reduction. Acoustical data for these low-no1se compressors should be 
obtained directly frorn the manufacturer' s literature. 

AIR COMPRESSORS 661 

TABLE 16.1 Adjustments Used to Estimate A-Weighted and Octave-Band Lwa 

Line Equipmentb A-We1ghted 31.5 63 125 250 500 1000 2000 4000 8000 
RR compressor 2 11 15 10 11 13 10 5 8 15 

2 C Compressor case 2 10 10 11 13 13 11 7 8 12 
3 C Compressor inlet 0 18 16 14 10 8 6 5 10 16 
4 S boilers 9 6 6 7 9 12 [15 18 21 24 
5 L boilers 12 4 5 10 16 17 19 21 21 21 
6 CC shakers 9 5 6 7 9 12 15 18 21 24 
7 R car open 12 4 5 10 13 17 19 21 21 21 
8 R car enclosed 10 3 5 11 14 14 14 18 19 19 
9 BL unloaders 9 8 5 8 10 12 13 18 23 27 

10 CS unloaders 11 3 8" 12 14 14 16 19 21 25 
11 Coal crushers 9 6 6 6 10 12 15 17 21 30 
12 T towers 7 7 "7 7 9 11 12 14 20 27 
13 C mil1 (13-36) 5 4 6 8 11 13 15 
14 C mill (37-55) 5 6 7 4 11 14 17 
15 ND C towers 0 12 13 11 9 7 5 7 
16 MD C towers 10 9 6 6 9 12 16 19 22 30 
17 MD C towers 1/2S 5 9 6 6 10 10 11 11 14 20 
18 A-C condenser 12 5 6 6 10 14 17 24 29 34 
19 D engme 5 11 6 3 8 10 13 19 25 
20 C fan I 0 5 11 9 7 8 9 9 13 17 24 
21 C fan case 13 3 6 7 11 16 18 22 26 33 
22 R fan case 12 10 7 4 7 18 20 25 27 31 
23 Axial fan 3 11 10 9 8 8 8 10 14 15 
24 S Fd pumps 4 11 5 7 8 9 10 11 12 16 
25 L Fd pumps 19 13 15 11 5 5 7 19 23 
26 C-C plant Il 7 3 7 13 15 17 19 23 21 
27 S St turbmes 5 11 7 6 9 10 10 12 13 17 
28 L St turbines 12 9 3 5 10 14 18 21 29 35 
29 SL blow-out 11 2 6 14 17 17 21 18 18 
30 Transformers 0 -3 -5 0 0 6 11 16 23 

asutitract values shown from estunated overall L,,,; except for transformers, subtract values from A-we1ghted 
sound level. 
"RR: rotary and rec1procatmg; C, casmg; S: small. L; large, CC. coal car; R: rotary car ctumpers; BL: bucket 
ladder; CS: clamshel\; T: transfer; C. coat; ND C; naturat-ctraft cooling; MD C. mecllamcal-draft cooling; A-C. 
arr coolect; D: diesel; C-C plant: mside combined-cycle power plant main building; SL: steam line. 

The overall sound power level radiated by the casmg and air inlet of rotary 
and reciprocating air compressors can be estirnated usmg Eq. (16.1) (see also 
line 1 of Table 16.1). These relations for rotary and rec1procating compressors 
assume that the air inlet is eqmpped w1th a filter and small muffler as normally 
provided by the manufacturer: 

Rotary and reciprocating compressor, overall Lw = 90 + 10 log(kW) (dB) 
(16.1) 

where kW is the shaft power m kilowatts. The casmg and unmuffled air inlet 
overall sound power levels for centrûugal air compressors m the power range of 
1100-3700 kW can be estirnated using (16.2) and (16.3) (see also lines 2 
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and 3 of Table 16.1). The insertion loss of any muffler installed at the air mlet 
should be deducted from the calculated mlet power levels: 

Centrifugal compressor casmg, overall Lw 79 + 10 log(kW) (dB) (16.2) 

Centrifuga} compressor inlet, overall Lw = 80 + 10 log(kW) (dB) (16.3) 

The term log(x) represents the common loganthm to base 10 of the value of x. 
Equations (16.2) and (16.3) do not mclude the n01se radiated by the motor 

or engine used to drive the compressor. Sound power levels calculated for the 
drivmg equipment should be added to the calculated sound power levels for the 
compressor. 

Mufflers, laggmgs, barriers, and enclosures have all been used with vary­
mg degrees of success to control the noise radiated from compressors to nearby 
workspaces or ne1ghborhoods. However, it is suggested that it is often most prac­
tical to specify and purchase a reduced-noise compressor from the manufacturer. 

16.2 BOILERS 

Two procedures are provided to predict the noise from boilers; one is for relatively 
small boilers in the range of about 50- 2000 boiler horsepower ( one boiler horse­
power equals 15 kg of steam per hour). Another procedure is provided for large 
boilers of the type that serve electric-pôwer-generating stations m the range of 
100-1000 megawatts (MWe). 

Small Boilers 

The sound power output of small boilers is only weakly related to the thermal 
rating of the boiler. The combustion a1r fans and the bumers probably radiate 
more noise than do the insulated s1dewalls of small boilers. The overall sound 
power level of small boilers can be estimated using Eq. (16.4) (also see line 4 
of Table 16.1): 

Small boiler, overall Lw 95 + 4 log(bhp) (dB) (16.4) 

Large Boilers 

Noise levels measured in work spaces adjacent to large central-station boilers that 
are not enclosed in a building (open boilers) are often m the range of 80-85 dBA 
at the lower half and 70-80 dBA at the upper half of the boiler. Noise levels 
measured in the v1cinity of enclosed boilers (generally found in areas w1th cold 
climates) are often about 5 dBA higher. The overall sound power output of large 
central-station boilers can be estimated by the relation given in Eq. (16.5) (also 
see line 5 of Table 16.1): 

Large boiler, overall 84 + 15 log(MWe) (dB) (16.5) 
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The n01se from boilers 1s essentially ommdirectional and broadband m character. 
However, the combustion air or forced-draft fans, mduced-draft fans, gas recir­
culation fans, overfire a1r fans, and drive motors sometimes produce tonal noise 
and may increase the n01se levels on their side of the boiler. A small number 
of boilers have also been found to exhib1t a strong discrete tone, usually at a 
frequency between about 20 and 100 Hz during operation at part1cular boiler 
loads. This can be caused by vortex shedding from heat exchanger tubes that 
excite an acoustical resonance within the boiler that in tum causes coherent 
(rather than random) vortex shedding to occur at a boiler resonance frequency. 
The low-frequency tonal noise that radiates from the boiler sidewalls has caused 
strong adverse reactions from res1dential neighbors. Boiler operators have also 
expressed concem about possible fatigue failure of vibratmg tube sheets. Instal­
lation of one or more large metal plates to subdiv1de the interior of the boiler 
volume and thereby change 1ts resonance frequency has successfully corrected 
this problem. Addit10nal information about this resonant condit10n and its control 
is prov1ded in references 4 and 5. 

The typical broadband n01se radiated by boiler sidewalls has been successfully 
reduced with the use of a well-insulated extenor enclosure, which also serves 
as weather protection for equipment and workers. The n01se produced by fans 
serving the boiler can also be controlled as described m Section 16.6. 

16.3 COAL-HANDLING EQUIPMENT 

A w1de variety of noise-producing eqmpment, such as railcar, ship and barge 
unloaders, transfer towers, conveyors, crushers, and mills, are used to unload, 
transport, and condition coal for use at large mdustrial and utility boilers. The 
results of numerous noise-level surveys have been studied and condensed to 
prepare the followmg general noise prediction procedures for th1s eqmpment. 

Coal Car Shakers 

Coal car shakers vibrate coal cars during bottom unloading. The unloading oper­
ation of each car often occurs for about 2-5 mm when the coal is not frozen. 
When frozen coal is located in the car, the shake-out operatlon can last for up to 
10 min or longer. Car shakers are often located inside a sheet metal or masonry 
building with little or no interior msulation for sound absorption. Shaker build-

iuclude large opeuings at both ends and sometimes smaller opemngs and 
windows along the sidewalls. They also include dust collection and ventilation 
systems with fans that produce noise. The overall sound power produced dunng 
a coal car shake-out can be est1mated usmg the following relation (also see line 
6 of Table 16.1): 

Coal car shake-out, overall Lw 141 dB (16.6) 

Noise produced by the dust collection and ventilation fans can be est1mated using 
the relations prov1ded in Secuon 16.6 and m Chapter 17: 
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The far-field noise produced by car shake-outs can be reduced by enclosmg the 
operation ms1de a metal or masonry building or by reducing the openlngs in any 
existing building. In addition, modem car-shaking equipment is sometimes avail­
able that produces measured A-we1ghted sound levels about 10 dB lower than are 
est1IDated w1th Eq. (16.6). Careful train movements can reduce the impact noise 
associated with indexing the train through the shaker operation. Limiting the 
shake-out operation to daytime hours also reduces the community noise impacts. 

Rotary Car Dumpers 

Rotary car dumpers are often used to unload long U1Ut trains equipped w1th spe­
cial rotary couplings. It typically takes 2-3 min to unload unfrozen coal from 
each car. A 100-car U1Ut train can be unloaded in about 3-5 h unless delays 
are encountered. The overall sound power produced dunng rotary car unload­
ing cycles can be estimated using Eqs. (16.7) and (16.8) for open and enclosed 
facilities (also see lines 7 and 8 of Table 16.1). However, short-durat10n impact 
sounds can be as muchas 10-25 dB greater than the equivalènt values g1ven by 
these relations: 

Rotary car open unloading, overall Lw = 131 dB 

Rotary car enclosed unloading, overall Lw 121 dB 
'""~""•,!) 

(16.7) 

(16.8) 

Noise abatement methods for rotary car dumpers are similar to those discussed 
previously for car shakers. 

Bucket Ladder and Clamshell Bucket Unloaders 

Bucket ladder and clamshell bucket unloaders are often used to unload coal 
delîvered by ship or barge. This equipment is located outdoors along the dock line 
with the electric motors and speed reduction gears often mside metal enclosures 
for weather protect10n. Acoustical data studied to prepare the prediction relations 
prov1ded here were obtained at bucket ladder unloaders with free-digging rates 
in the range of 1800-4500 metric tons per hour and clamshell unloaders with 
free-diggmg rates in the range of 1600-1800 metric tons per hour. The energy­
averaged overall sound power level produced during operatlon of bucket ladder 
and clamshell bucket unloaders can be estimated using Eqs. (16.9) and (16.10) 
(see also lines 9 and 10 of Table 16.1): 

Bucket ladder unloader, overall Lw 123 dB 

Clamshell bucket unloader, overall Lw = 131 dB 

(16.9) 

(16.10) 

Noise control treatments for bucket ladder and clamshell bucket unloaders 
generally employ insulated enclosures for the drive equipment and limiting 
unloading operations to daytlme hours. 
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Coal Crushers 

Coal is sometlmes conveyed to a crusher building where the chunks are reduced 
in size in preparation for firing in a power plant boiler. Noise produced during 
crushing operations 1s a composite of the crusher, metal chutes, conveyors, dnve 
motors, and speed reducers. Coal crushing 1s usually an intermittent operation and 
the nmse is often omnidirectional without major tonal components. The overall 
sound power level produced during operation of the.crasher can be estimated m 
accordance wlth the following relation (also see line 11 of Table 16.1): 

Coal crusher, overall Lw 127 dB (16.11) 

The far-field n01se associated with coal-crushing operat10ns can be reduced by 
using a well-insulated and ventilated building to enclose the operation. 

Coal Transfer Towers 

Transfer towers reload coal from one conveyor to another as the coal is relocated 
w1thin the coal yard on its way to the plant. Transfer tower noise is comprised 
of coal 1IDpacts, local conveyors, drive motors, and dust collection and ven­
tilation system fans. Coal transfer is usually an intermittent operation, and the 
noise is often omnidirectional without maJor tonal components. The overall sound 
power level produced during coal transfer in open buildings can be estimated in 
accordance with the following relation (also see line 12 of Table 16.1): 

Transfer tower, overall Lw = 123 dB (16.12) 

Coal transfer operations can be enclosed in a well-ventilated building to reduce 
the far-field community noise. In this case, the estimated far-field noise can be 
nutigated by the composite sound transmission loss of the exterior building walls. 
Fan noise assoc1ated with the ventilation system should be estimated with the 
relations given in Section 16.6 or Chapter 17. 

Coal Mills and Pulverizers 

Coal mills and pulverizers crush and size coal in preparation for bummg in 
a boiler. The resulting noise is associated with internal 1I11pacts, dnve motors, 
speed reducers, and fans. The noise is essentially broadband, omnidirectional, 
reasonably steady, and continuons while the plant is operating. The overall sound 
power level produced by a coal mill in a building w1th large openmgs can be 
estrmated in accordance with the following relations for mills in the size ranges of 
13-36 and 37-55 metric tons per hour (also see lines 13 and 14 of Table 16.1). 
When coal mills are located in a closed building, the estimated far-field noise 
can be reduced by the composite sound transmission loss of the extenor building 
walls: 

Coal mill, overall Lw { 
110 dB 
112 dB 

13-36 metric tons per hour 
37-55 metr1c tons per hour 

(16.13) 
(16.14) 
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16.4 COOLING TOWERS 

The sound power output of wet cooling towers 1s caused primarily by the water 
splash m the fill and m the basm as well as by the fans, motors, and gears 
used to prov1de draft in mechanical towers. The noise is usually contmuous and 
somewhat directive for rectangular towers. The noise produced by a specific pair 
of large natural-draft hyperbolic cooling towers has. been observed to mclude a 
modest low-frequency discrete tone associated with aerodynanuc vortex shedding 
at the base of each tower. 

Methods that can be used to estimate the sound power output of natural­
draft and mechanicâl mduced-draft cooling towers are provided below. Major 
tower manufacturers can prov1de additional useful information regarding noise 
estirnates and noise abatement. 

Natural~Draft Cooling Towers 

The overall sound power radiated from the rim of large hyperbolic natural-draft 
wet cooling towers can be estimated with Eq. (16.15) (see line 15 in Table 16.1). 
Noise radiated by the top of the tower 1s usually not significant at ground eleva­
tions compared to the rim-radiated noise: 

Natural-draft cooling tower rim, overall Lw 86 + 10 log Q (dB) 
(16.15) 

where Q 1s the water flow rate in gallons nunute ( one cubic meter per minute 
1s equal to 264 U.S. gallons per minute). 

Inlet mufflers and fan assistance have been installed to control nm-radiated 
noise for hyperbolic cooling towers m Europe when located near residential 
neighbors. However, noise abatement is expensive and not common for large 
hyperbolic towers. 

Mechanical lnduced~Draft Cooling Towers 

The sound power produced by mechanical induced-draft wet cooling towers oper­
ating at full fan speed and at half fan speed can be estimated using the following 
relations (also see lines 16 and 17 of Table 16.1): 

Mecharucal-draft tower full speed, overall 

Lw 96 + 10 log(fan kW) 

Mechanical-draft tower half speed, overall 

Lw = 88 + 10 log(fan kW) 

(dB) (16.16) 

(dB) (16.17) 

where kW 1s the full-speed fan power rating in kilowatts for both relat10ns. 
The above relat10ns apply m all horizontal directions from round towers and 

most directions away from the mlet face of rectangular towers. For directions 
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away from the enclosed ends of rectangular towers, the far-field noise is several 
decibels less than estimated above due to the effects of shielding by the solid 
closed ends. For a line of as many as 6-10 rectangular towers, the far-field noise 
from the enclosed ends could be as muchas 5-6 dB less than estimated, based 
on ommdirectional radiation using Eqs. (16.16) and (16.17). 

Reduced fan speed 1s a common method used to mitigate the n01se from 
mechamcal-draft cooling towers dunng evening and nighttime hours when excess 
cooling capacity may be available due to reduced ambient air temperatures. In 
multiple-cell tower installations, it is preferable to reduce the fan speed for all 
cells rather than to shut down unneeded cells; the fans' speeds should be prop-

selected to avoid mtroducing a strong acoustical beat. Another common noise 
control method is to install wide-chord high-effic1ency fan blades that can provide 
the necessary fan performance at reduced speeds. In addit10n, mechanical-draft 
towers with centrifugai fans may be selected because they can somet1mes be 
des1gned to produce less noise than towers with propeller fans, although at same 
energy cost. Mufflers have also been installed at the air mlet and discharge ta 
reduce both the fan and water n01se. However, the mufflers must be protected 
from the wet envrronment, can become coated with ice during freezing weather, 
and introduce an additional aerodynamic restrict10n that must be overcorne by 
the fan. Barrier walls and partial enclosures have successfully shielded neighbars 
from cooling-tower noise; however, barrier walls that avoid excessive restric­
tions to the airflow often limit their acoustical benefit for protecting far-field 
locations. 

16.5 AIR-COOLED CONDENSERS 

The sound power output of air-cooled condensers (dry cooling systems) is caused 
primarily by the fans used to move air across the condenser with some additional 
n01se contribution from the motors and gears. The noise is usually continuous 
and somewhat directive for rectangular installations. The sound power output of 
dry air-cooled condensers does nat, of course, include the water splash noise 
associated w1th wet coaling towers. 

The need to reduce water consumption 1s causmg the increasing trend ta 
mstall arr-cooled condensers even at large industrial facilities. When installed at 
a moderate to large new combined-cycle power plant, the fans for the forced­
draft air-cooled condenser can contribute approx1mately the same sound power 
output as the balance of equipment at the plant. Fortunately, law-noise fans are 
now readlly available for air-cooled condensers that produce comparable arrflow 
rates and 3-6 dBA less noise than do conventianal fans. These low-noise fans 
mclude high-efficiency wide-chord blades operat:ing at reduced tip speeds. For 
some mstallations, noise reductions greater than 6 dBA can be available. 

To avo1d water consumption, power consumption, and fan noise generation, 
air-cooled systems are mstalled m hyperbolic natural-draft towers. 
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The sound power produced by air-cooled condensers with low-noise fans oper­
ating at full speed can be estrmated using the followmg relation ( also see line 18 
of Table 16.1): 

Air-cooled condenser full speed, overall Lw = 84 + 10 log(fan kW) (dB) 
(16.18) 

where kW is the full-speed fan power rating in kilowatts. 
The above relation applies in all horizontal directions from a low-noise umt; a 

standard umt will produce greater n01se. It is suggested that fan- and air-cooled 
condenser manufacturers be contacted to obtain useful information regarding 
noise estimates and n01se abatement for specific applications. See also references 
6 and 7 for mformation about arr-cooled condenser n01se generation and prop­
agat10n. Summary comparisons of the operatmg performance of wet, dry, and 
parallel condensmg systems are provided in reference 8. 

16.6 DIESEL-ENGINE-POWERED EQUIPMENT 

When machinery such as compressors, generators, pumps, and construction equip­
ment is powered by a diesel engine, it is usually the diesel engine that is the 
dominant noise source. 

Mobile construction and coal yard equipment powered by diesel engines, such 
as dozers, loaders, and scrapers, ofte.1î"'produces in-cab A-weighted noise levels 
as high as 95-105 dB. Methods to retrofit and reduce in-cab noise levels for 
several loaders and dozers have been developed, field tested, and documented m 
references 9 and 10. Well-designed cabs and n01se control features are now often 
available from major manufacturers when purchasing new diesel-engme-powered 
mobile equipment. 

A simple relation for estimating the maxunum extenor overall sound power 
level for naturally aspirated and turbocharged diesel engmes used to power eqmp­
ment is provided m Eq. (16.19) (also see line 19 m Table 16.1): 

Diesel engme equipment, overall Lw = 99 + 10 log(kW) (dB) (16.19) 

The above relation assumes that the engine has a conventional exhaust muffler 
in good working condition as typically provided by the engme manufacturer and 
further assumes that the engine is operating at rated speed and power. Noise 
associated with matenal impacts dunng equipment operation is not mcluded. 

Eqmpment used on construction sites often operates at part power. 
Measurements obtained at the operating eqmpment mdicate that work-shift-long 
eqmvalent Leq sound levels are therefore typically about 2-15 dB less than the 
maxrmum values provided by Eq. (16.19). It is assumed that the following values 
could be subtracted from the Eq. (16.19) maximum levels to obtam work-shift­
long equivalent Leq levels. When proJect-long equivalent Leq levels are required, 
the estimated values can be further reduced to account for the percentage of time 
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that the equipment will actually operate on the construction site [10 log(operating 
time/project lime)]: 

3-4 dB 
5-6 dB 
7-8 dB 

12-13 dB 

Backhoes, rollers 
Dozers, graders, haulers, loaders, scrapers 
Air compressors, concrete batch plants, mobile cranes, trucks 
Derrick cranes, paging systems 

When stationary diesel-engine-driven equipment is located inside masonry or 
metal buildings, it is necessary to consider the sound power radiated by the 
engme inlet, the engine casmg, the engine exhaust, and the engme cooling fan as 
well as the driven equipment. It is also necessary to account for the attenuation 
expected from the building walls and openings, the inlet filter/muffler, the exhaust 
muffler, and mufflers to be installed at building operungs that serve ventilation 
and cooling systems. Additional information about the propagat10n of n01se from 
equipment located mside buildings and about muffler systems is provided m 
Chapters 9 and 17. 

16.7 INDUSTRIAL FANS 

The n01se produced by mdustrial fans is caused by the dynamic mteraction of 
the gas flow with rotatmg and stationary surfaces of the fan. Noise produced 
by shear flow is usually not considered important. Broadband fan noise results 
from the random aerodynamic interactions between the fan and the gas flow. The 
promment discrete tones produced by centrifugal fans result from the periodic 
interaction of the outlet flow and the cutoff located directly downstream of the 
blade trailing edges. Tonal noise produced by axial-flow fans results from periodic 
mteractions between distorted inflow and the rotor blades as well as the rotor 
wakes and nearby downstream surfaces, including struts and guidevanes. This 
tonal n01se is usually most prominent at the harmonies of the passing frequency 
of the fan blade (number of blades times the rotation rate in revolutions per 
second). Detailed information about the noise associated with gas flows and fans 
is provided m Chapters 15 and 17. 

The noise produced by new forced-draft fans can be controlled most easily with 
the use of ducted and muffled inlets. Sometimes the ducted mlet is extended to 
a location in the plant where warm air is available and additional ventilation is 
needed. To provide further noise reduction, acoustical insulation Iagging should be 
considered for the inlet and outlet ducts and the fan housing. Open-inlet forced-draft 
fans can be located withm an acoustically treated fan room that contains the fan and 
its noise. However, workers mside the fan room during inspections and maintenance 
will be exposed to high levels of fan n01se and should wear ear protection. 

Discharge n01se of large induced-draft fans radiated from the top of the stack to 
residential neighbors has caused serious community n01se problems. The fan and 
duct system design should mclude provisions to control this n01se if residential 
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areas are located within ½-1 mile of the plant. Mufflers used for induced-draft 
fan service at boilers and furnaces should be of the dissipative, parallel-baffle, 
open-cavity type tuned to the harmonies of fan blade passing frequency. These 
mufflers are built to avoid fly-ash cloggmg and mclude erosrnn protection to 
ensure adequate long-term performance. They can usually be des1gned to intro­
duce a pressure loss in the range of about 10-40 mm water gauge. Consideration 
should also be g1ven to the noise attenuation that will be prov1ded by any flue 
gas scrubbers, filters, or precipitators that are to be located between the mduced­
draft fan and its stack. Alternatively, variable-speed fan drives can be installed 
to reduce nighttlme noise at cycling plants that shed load during ,mghttime hours. 
Tlns has the added benefit of also reducmg the power consumed by' the fans and 
reducing the erosion rates and stresses of rotating components. When multiple 
fans are mstalled, they should be operated at the same speed to avoid acoustical 
beats between the fan tones. (see references 3 and 11). 

When an mduced-draft centrifuga! fan discharges directly to a stack, it 1s not 
uncommon for the tonal fan noise to radiate relatively long distances from the top 
of the stack. This tonal noise 1s generated by the fluid dynamic interaction of the 
gas flow leaving rotating fan blades and the stationary cutoff of the fan. This noise 
propagates with little attenuation up the stack and radiates from the stack top. 
Sorne success m reducmg the magmtude of th1s tonal noise at large industrial 
centrifugai fan installations has been achîeved by modifying the geometry of 
the cutoff. The fabrication and installation of "slanted" and rounded cutoffs as 
described m reference 12, have been 'sh&wn to reduce the tonal noise level by 
about 3-10 dB with no observed loss m fan performance. 

Well-des1gned and sized mlet and outlet ducts that properly manage the flow 
are essential to avoid excessive fan n01se. Inlet swrrl, distorted inflow, and exces­
sive turbulence can result in high noise levels and reduced system effic1ency. 
Useful design guidelines have been established by the Air Movement and Contrai 
Association (AMCA) for large industrial fan mstallat1ons. 

Procedures are provided in this section to estimate the overall sound power 
output of large industrial fans operating at peak efficiency conditions with undis­
torted mflow. Experience indicates that fans operatmg with highly distorted inflow 
or at off-peak effic1ency conditions often produce sound power levels that may 
be 5-10 dB higher than mdicated below. Centrifuga!- and axial-flow fans pro­
duce less sound power when operating at low speeds and reduced working pomts 
than dunng full-load, high-speed operation. For part-speed operation, the sound 
power levels estimated below can be reduced by about 55 log(speed ratio). 
Additional information about fan noise generation and attenuation 1s provided 
in reference 13. 

Centrifugai-Type Forced-Draft and lnduced-Draft Fans with 
Single-Thickness, Backward-Curved or Backward-lnclined Blades 
or Airfoil Blades 

The overall sound power level radiated from the mlet of forced-draft centrifu­
gai fans and the outlet of induced-draft centrifugai fans (with single-thickness, 
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backward-curved or backward-inclined blades or airfoil blades) can be estimated 
with the relahonship prov1ded in Eq. (16.20) (also see line 20 of Table 16.1): 

Centrifugai fan, overall Lw = 10 + 10 log Q + 20 log(TP) (dB) (16.20) 

where Q is fan flow rate in cub1c meters of gas per mmute and '1P 1s fan total 
pressure nse in newtons per square meter a;t rated conditions. 

To account for the tonal n01se, 10 dB should be added to the octave bands con­
taimng the fan blade passing frequency and its second harmonie. For multiple-fan 
mstallations, the estimated sound power levels should be mcreased by 10 log N, 
where N is the number of 1dentical fans. 

The overall sound power level radiated from the umnsulated casing of cen­
trifuga! fans can be estimated w1th the relationship provided m Eq. (16.21) (also 
see line 21 of Table 16.1). To account for the tonal noise, 5 dB should be added 
to the octave band contaimng the fan blade passmg frequency: 

Centrifugal fan casing, overall Lw = 1 + 10 log Q + 20 log(TP) (dB) 
(16.21) 

where Q and TP are as defined for Eq. (16.20). 
The sound power radiated by the uninsulated discharge breaching is about 

5 dB less than the sound power estimated using Eq. (16.21) for the fan casing. 
The overall sound power level radiated from the casings of radial-blade cen­

trifuga! fans with ducted inlets and outlets, such as are sometimes used for gas 
recirculation and dust collection service, can be estimated with the relationship 
prov1ded m Eq. (16.22) (also see line 22 of Table 16.1): 

Radial fan casmg, overall Lw 13 + 10 log Q + 20 log(TP) 

where again Q and TP are as defined for Eq. (16.20). 

(dB) 
(16.22) 

To account for the tonal noise, 10 dB should be added to the octave bands 
contaimng the fan blade passing frequency and its second harmomc. 

Axial-Flow Forced-Draft and lnduced-Draft Fans 

The overall sound power level radiated from the inlet of forced-draft ax1al-:flow 
fans and the outlet of induced-draft axial-flow fans can be estimated w1th the 
following relation: 

Axial-flow fan, overall Lw = 24 + 10 log Q + 20 log(TP) (dB) (16.23) 

where Q and TP have been defined m Eq. (16.20). 
To account for the tonal n01se, 6 dB should be added to the octave band 

containing the fan blade passing frequency and 3 dB should be added to the 
octave band containing its second harmonie. For multiple-fan installations, the 
above est1IDated values should be increased by 10 log N, where N is the number 
of identical fans. 



672 PREDICTION OF MACHINERY NOISE 

Ventilation Fans 

The sound power output of mdustrial ventilation fans can be estimated usmg 
Eq. (16.20) for centrifugal ventilation fans or Eq. (16.23) for axial-flow ventila­
tion fans; also see Chapter 17. 

16.8 FEED PUMPS 

It is comrnon for the n01se radiated by a pump motor set to be donunated by 
the motor n01se. One exception is the relatively high-flow, high-head pumps 
used for boiler and reactor feedwater service in large modem power-generating 
stations that operate in the United States. These feed pumps are usually driven 
by an electric motor, an auxiliary steam turbine, or th~ mai~ turbme-generator 
shaft. Mids1ze pumps generally produce broadband n01se w1thout strong tonal 
components. The larger pumps, however, commonly produce both broadband 
noise and strong midfrequency tonal n01se. Feed pump noise is omnidirectional 
and contmuous during plant operation. 

A high-performance thermal-acoust1cal blanket insulat1on, descri~ed m 
reference 14, has been developed and evaluated at field mstallations spec1fically 
for use with eqmpment such as noisy feedwater pumps, valves, and turbines. 
This thermal-acoustical insulation prov1des far better n01se attenuation than 
conventtonal blanket insulations. It is _i;ilso easier to remove and reinstall during 
maintenance and inspections than most rigid insulations. 1t has been successfully 
used as a retrofit insulation at mstalled pumps, turbines, valves, and lines 
and has been used by equipment manufacturers at new installations requinng 
reduced noise levels. The use of flexible thermal-acoustical insulation to control 
noise avoids the mechanical, structural, and safety problems associated w1th the 
large ngid enclosures that have sometimes been used at boiler feedwater pump 
installations. Note that experience m Germany indicates that lt 1s possible to 
design and operate boiler feedwater pumps that produce relatively low noise 
levels without external rneans for controlling the noise. 

The overall sound power level radiated by boiler and reactor feedwater pumps 
can be estimated using the information provided below for pumps in the power 
range of 1-18 MWe: 

Rated Power 
(M}Yhl 

1 
2 
4 
6 
9 

12 
15 
18 

Overall Sound 
Power (dB) 

108 
110 
112 
113 
115 
115 
119 
123 
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Octave-band and A-weighted sound power levels for boiler and reactor feedwater 
pumps can be estimated by subtracting the values provided in line numbers 24 
and 25 of Table 16.1 frorn the overall power level estimated above. 

16.9 INDUSTRIAL GAS TURBINES 

Industrial gas turbines are often used to provide reliable,, econonuc power to drive 
large electric generators, gas compressors, pumps, or sliips. A prediction scheme 
for the combustion noise of flightworthy gas turbine engines used in aircraft 
operations (turbojet, turboshaft, and turbofan engines) 1s prov1ded in Chapter 15. 
The noise produced by mdustrial gas turbine installations lS radiated primarily 
from four general source areas: the inlet of the compressor; the outlet of the 
power turbine; the casing and/or enclosure of the rotating components; and van­
ous auxiliary eqmpment, including cooling and ventilating fans, the exhaust-heat 
recovery steam generator, poorly gasketed or wom access openmgs, generators, 
and electric transformers. Each of the above areas should receive considerable 
attention if an industrial gas turbine is to be located successfu.lly near a quiet 
residential area. 

Operation of unmuffled industrial gas turbines of moderate size would produce 
sound power levels of 150-160 dB or greater. Because the resulting noise levels 
would be unacceptable, essentially all mdustrial gas turbine installations mclude 
at least some noise abatement provided by the manufacturer. Noise abatement 
performance requirements may call for reducmg the sound power output to levels 
as low as 100 dB for installations located near sensitive residential areas. 

Noise radiated from the compressor inlet includes high levels of both broad­
band and tonal n01se, primarily at frequencies above 250-500 Hz. This ID1d-and 
high-frequency noise is controlled with the use of (a) a conventional parallel­
baffle or tubular muffler comprised of closely spaced thin baffles and (b) mlet 
ducting, plenum walls, expansion joints, and access hatches that are designed to 
contain the noise and avoid flanking radiation. 

Noise radiated by the casmgs of rotating components is typically contained 
with the use of thermal insulation laggmgs and close-fitting steel enclosures that 
include mterior sound absorption and well-gasketed access doors. It is not uncom­
mon for the enclosure to be mounted directly on the structural steel base that 
supports the rotating components. This encourages the transmission of structure­
bome n01se to the enclosure and can limit its effective acoustical performance 
at installat10ns requiring high degrees of noise reduction. Off-base mounttng of 
the enclosure can be cons1dered for installations where noise abatement perfor­
mance must be improved. In addition, many large industnal gas turbines are 
being mstalled w1thin a turbine-generator building that prov1des weather protec­
tion and additional reduction of noise radiated through the enclosure from the 
rotating components. 

No1Se radiated from the power turbine outlet mcludes high levels of both 
broadband and tonal noise at low, mid, and high frequencies, with the low­
frequency noise being the most difficult and expensive to control at simple-cycle 
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mstallations (w1thout heat recovery boilers) located near residential areas. The 
wavelength of sound at about 30 Hz is on the order of 15-20 m m the gas 
stream at the back end of the power turbme, thereby mcreasing the required s1ze 
of the discharge mufliers. Furthermore, low-frequency exhaust noise has caused 
significant community noise problems when the sound level in the 31-Hz octave 
band exceeded about 70 dB at sensitive residential areas. This low-frequency 
exhaust noise rrnght be best controlled by the manufacturer with 1mproved gas 
management designs behind the power turbrne. The outlet n01se is typically con­
trolled with the use of (a) conventional parallel-baffle or tubular mufflers that 
include tlnck acoustical treatments; (b) additional dissipative or reactive muffler 
elements timed to attenuate low-frequency noise; and (c) outlet ducts, plenum 
charnber, expansion joints, and access hatches that include adequate acoustical 
treatments to avo1d flanking along these paths and their radiation of exces­
sive noise. 

At combined-cycle and cogeneration plants, heat recovery steam generators 
(HRSGs) are installed downstrearn of the power turbine to absorb waste heàt 
from the exhaust strearn. The HRSG also serves to attenuate the stack-radiated 
turbine exhaust noise, often by as much as 15~30 dBA, depending on the con­
figurations and s1zes of the gas turbine and HRSG. The HRSG can eliminate, 
or at least reduce, the performance requirements of the exhaust muffler. Also, 
the HRSG reduces the exhaust gas stream temperature, the wavelengths of the 
exhaust sounds, and the required size,,,_qf,i,an exhaust muffler. lt is necessary to 
consider and account for the noise radiated from the surfaces and vanous stearn 
vents of the HRSG. It is suggested that most HRSG manufacturers eau prov1de 
techmcal information describing the noise radiated from therr equipment. See 
also references 15-19 for additlonal information. 

Noise produced by auxiliary cooling and ventilation fans can be controlled 
effectively with the use of high-performance low-speed fan blades, mufflers, or 
partial enclosures, depending on specific site and installation requirements. The 
control of transformer noise, if required for a specific mstallation, IS discussed in 
Section 16.11. The control of noise radiated from the sidewalls of heat recovery 
steam generators eau be accomplished with large barrier walls or an enclosing 
building. 

Combined-cycle gas turbme power plants produce relatively steady norne as 
well as relatively bnef intermittent loud noises often associated with steam vent­
ing and steam bypass operations. Noise levels of 75-80 dBA or greater at 300 m 
are not uncommon; however, these intermittent sources can usually be reduced 
5-10 dBA or more. Further information about such intermittent loud noise from 
power plants is provided in reference 20. 

Sound-power-level prediction procedures are not provided here specîfically 
for mdustrial gas turbmes because of the rather wide range of n01se control 
treatments available withht the industry. Many manufacturers offer their machines 
wlth a variety of optional noise abatement treatments, ranging from modest to 
highly effective. For example, 50-100-MWe mstallations, with or without heat 
recovery boilers, are readily available with noise abatement treatments resulting 
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in A-weighted noise levels in the range of 50-60 dB at 120 m. Installauons 
with lower noise levels are available from certain manufacturers and can be 
designed by several independent professionals who have speciali:z;ed m the control 
of noise from industrial gas turbines. Combined-cycle plants in the range of 
500-600 MWe have been designed and constructed to meet 43 dBA at 300 m. 

The overall sound power lev el of the combmed-cycle equipment located w1thin 
the main power building, mcluding the combustion turbine, HRSG, steam turbme, 
generators, and support equipment can be estimated with the following relation 
(also see line 26 of Table 16.1): 

Inside main power building, overall Lw = 96 + 10 log(A) (dB) (16.24) 

where A is the wall and roof area of the building in square meters. 
This relationsh1p is based on field measurements obtamed near the outer 

wall and roof areas at numerous combined-cycle and cogeneration power plants. 
Equation (16.24) assumes that the interior surfaces of the building have sound 
absorption, w1th a resulting average sound level of 85 dBA at the outer, wall 
and roof areas. For buildings without s1gnificant sound absorption treatment, the 
estunates should be increased by 5 dB. The intenor sound level and the build­
mg shell. transrrnss1on Joss will deterrrnne the amount of noise that radiates to 
the outdoors from the main plant equipment. For additmnal discussion on ,these 
plants, see reference 21. 

One early but important step in the design of a new gas turbrne installation 
is the preparation of a reasonable and well-founded techrucal specificat1on by 
the buyer or buyer' s acoustical consultant that full y describes the site-specific 
n01se requrrements. Methods and procedures for preparing gas turbine procure­
ment specifications .that describe expected n01se-level lirrnts are mcluded in 
ANSI/ASME B133.8-1977 (Rl996). If residential neighbors are near the site, 
the reader 1s cautioned to consider fully the site-specific needs when planning 
control of the low-frequency exhaust noise, Several independent consultants with 
many years ofgas turbine experience have suggested that the noiseclevel thresh­
old of complaints resulting from low-frequency n01se in the 31-Hz octave band 
is about 65- 70 dB, measured at residential wood-frarne homes. Higher levels of 
low-frequency noise can sometimes vibrate the walls and rattle the wmdows and 
doors of wood-frame homes and result in varymg degrees of annoyance. Gas tur­
bine manufacturers, however, correctly indicate that1ow-frequency noise control 
treatments are expens1ve and that many industrial gas turbines are operating that 
produce higher levels of low-frequency n01se in re.sidential areas without causmg 
complamts. 

16.10 STEAM TURBINES 

Two procedures are provided to predict the sound power radiation from steam tur­
bines; one 1s for the relatively small turbmes in the power range of 400-8000 kW 
that operate at about 3600-6000 rpm and are often used to dnve auxiliary 
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equipment at a plant where steam 1s readily available. Another procedure is pro­
vided for large steam turbine generators m the range of about 200-1100 MWe 
used at central electricity-generating stations. Thermal-acoustical blank:et insula­
tion that has been developed to control noise radiated from equipment mcluding 
steam turbmes is discussed in Section 16.8 and reference 14. 

Auxiliary Steam Turbines 

The overall sound power output of auxiliary steam turbines, with common ther­
mal insulation installed, can be estimated using Eq. (16.25) (see also line 27 of 
Table 16.1). Thls noise is considered to be omnidirectional, generally nontonal, 
and continuous when the driven equipment 1s operating: 

Auxiliary steam turbine, overall Lw = 93 + 4 log(kW) (dB) (16.25) 

Large Steam Turbine-Generators 

The overall sound power output of large steam turbme-generators can be esti­
mated using Eq. (16.26). Thls includes the noise radiated by the low-pressure, 
intermediate-pressure, and high-pressure turbines as well as the generator and 
shaft-driven exciter. The turbme-generator produces both tonal and broadband 
noise. The tonal components produced by the generator are typically most notice­
able at 60 and 120 Hz for 3600-rpm !R:achines and 30, 60; 90, and 120 Hz for 
1800-rpm machlnes: • zi 

Large steam turbme-generator, overall Lw = 113 + 4 log(MW) (dB) 
(16.26) 

Octave-band and A-weighted sound power levels for large steam turbine­
generators can be calculated by subtractmg the values prov1ded in line 28 of 
Table 16.1 from the overall sound power level estimated using Eq. (16.26). 

Most major manufacturers of large steam turbine-generators will provide their 
equipment w1th additlonal noise abatement features that reduce the noise by about 
5-10 dBA, when required by a well-written purchase specification. The rever­
berant noise inside a turbine building can also be reduced through the proper 
selection of the building siding. The use of building siding with a fibrous insu­
lation sandw1ched between a perforated metal inner surface and a solid exterior 
surface will provide improved midfrequency sound absorption and thereby reduce 
the reverberant buildup of noise withln the turbine building. It can also reduce 
the noise radiated to the outdoors. 

16.11 STEAM VENTS 

Atmosphenc venting of large volumes of hlgh-pressure steam is probably one 
of the loudest noise sources found at mdustrial sites. The overall sound power 
produced during steam line blow-outs at large central stations pnor to starting a 
new boiler can be estimated using Eq. (16.27) (see also line 29 of Table 16.1). 
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This noise is broadband and only occurs for a few minutes dunng each blow-out 
for the first few weeks of boiler operation: 

Steam line blow-out, overall Lw 177 dB (16.27) 

The actual sound power level produced during the venting of high-pressure gas 
is, of course, related to vanous factors, including the conditions of the flowing 
gas and the geometry of the valve and pipe exit. However, the above relationshlp 
will prov1de a reasonable estimate of the noise associated with the blow-out of 
steam lines at large boilers used for utility service. 

Large heavy-duty mufflers are sometimes purchased or rented that reduce the 
noise by about 15-30 dB during steam line blow-outs. The noise produced by 
the more common atmospheric vents and commonly encountered valves can be 
estimated using prediction procedures available from many valve manufacturers 
and their representatives. Many manufacturers offer valves with special low-noise 
trims, orifice plates, and mline mufflers that effectively reduce noise generation 
and radiation. The low-noise trim can also reduce the vibration and mamtenance 
that are sornetimes associated with valves used in high-pressure-drop service. 

16.12 TRANSFORMER$ 

The noise radiated by electrical transformers 1s composed primarily of discrete 
tones at even harmomcs of line frequency, that is, 120, 240, 360, . . Hz when 
the line frequency 1s 60 Hz and 100, 200, 300, ... Hz when the line frequency is 
50 Hz. This tonal noise is produced by magnetostrictive forces that cause the core 
to vibrate at twice the electrical line frequency. The cooling fans and oil pumps 
at large transformers produce broadband noise when they operate; however, this 
noise is usually less nouceable and therefore less annoying to nearby neighbors. 
The tonal core noise should be considered olDilidirectional and contmuous while 
the transformer is operating. The broadband fan and pump noise occurs only 
during times when additlonal cooling 1s required. 

The technical literature includes numerous relations and gmdelines for the 
prediction of noise produced by transformers. Reference 22 reports the results 
of measurements obtained at 60 transformer banks and indicates that the space­
averaged A-we1ghted sound level produced by the core of the average transformer 
(w1thout built-in noise abatement) at an unobstructed distance of about 150 m is 
well represented by the relat1onship g1ven in Eq. (16.28). Ninety-five percent of 
the A-weighted noise data reported in reference 22 lies within about ±7 dB of thls 
relation for transformers with maximum ratings m the range of 6-1100 MV A: 

Averagp A-weighted core sound level at 150 m, 

Lp = 26 + 8.5 log(MVA) (dBA) (16.28) 

where MVA 1s the maximum rating of the transformer in million volt-amperes. 
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The space-averaged sound pressure levels of the transformer core tones at 120, 
240, 360, and 480 Hz at 150 m can be estimated by adding the following values 
to the A-we1ghted sound level of Eq. (16.28): 

120 240 
17 5 

360 480 

-4 -8 

Another relation for transformer A-we1ghted sound levels versus distance, extra­
cted from reference 23, is 

Space-averaged far-field sound level Lp =Ln - 20(1og d/S 112) 8 (dBA) 
(16.29) 

where Ln circumferentlal average sound pressure levels measured at National 
Electrical Manufacturers Associat10n (NEMA) close-in 
measurement positions (A-weighted or tonal) 

S total surface area of four s1dewalls of transformer tank 
d = distance from transformer tank (in umts that are compatible with 

tank sidewall area), must be greater than S112 

Equation (16.29) can be used if Lp and Ln represent the """·'""''°u sound levels 
or the sound pressure levels of the discrete tones produced by the transformer 
tank. The octave-band sound pressure levels of the transformer core n01se can 
be obtained directly from the sound pr~s1ure levels of the discrete tones esti­
mated above. The octave-band sound pressure levels of the total transformer 
noise with the cooling fans operating can be estlmated by subtracting the values 
prov1ded m line 30 of Table 16.1 from the A-we1ghted sound level estimated with 
Eq. (16.29). This applies to conventlonal cooling-fan systems w1th motors m the 
power range of about 0.15-0.75 kW operating at about 1000-1700 rpm with 
two- or four-bladed propeller fans. Further information about special low-no1se 
cooling systems should be obtamed from the manufacturer. Excess attenuation 
should be cons1dered Chapter 5) when estimating sound levels at distances 
beyond about 150 m. 

NEMA has published standard tables of close-m n01se levels for transformers; 
see reference 24. Expenence mdicates that the nmse near most operating trans­
formers 1s often equal to or somewhat less than the NEMA standard values, and 
the n01se near new high-effic1ency transformers can be significantly less than the 
NEMA values. However, the noise produced by converter transformers operat­
ing at AC-to-DC converter terminais can include discrete tones at frequenc1es up 
to about 2000 Hz and can be about 5-10 dB greater than the NEMA standard 
values. This additional high-frequency nmse has been found to be unusually 
noticeable and disturbmg to residentrnl neighbors when the converter transformer 
is located m qmet rural-suburban areas. 

Two basic methods are available for reducmg the far-field noise produced 
by transformers. First, manufacturers are able to respond to custorn noise 
requirements and produce transformers with reduced flux density that generate 
noise levels as rnuch as 10- 20 dB lower than the NEMA standard values. New 
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high-effic1ency transformers with low electrical losses usually produce core nmse 
levels that are less than the NEMA standard values. For the qmeted-design 
transformers, reductions of the higher frequency tones (e.g., 480 and 600 Hz) are 
typ1cally 1-3 dB more than the reductions of the lower frequency tones (e.g., 
120, 240, and 360 Hz). High-effic1ency low-speed cooling fans and cooling-fan 
mufflers are also available from some manufacturers when __ needed for spec1al 
s1tmg applications. In sorne cases, the cooling fans are elimmated from the 
transformer tank and replaced with oil-to-water heaLexchangers. 

Second, barrier walls, partial enclosures, and full enclosures can be prov1ded to 
shield or contain the transformer noise. They are usually fabncated w1th masomy 
blocks or rnetal panels. The interior surfaces of the barrier or enclosure walls 
should usually include sound absorption that is effective at the prornment trans­
former tones. Care must be used to ensure adequate strike distances and space 
for cooling-air flows. If the fin-fan oil coolers are to be located outs1de of the 
enclosure, some attention should be given to the structure-home and oil-borne 
nmse frorn the core that can be radiated by the èoolers. Space and provisions 
must be provided for inspections, mamtenance, and transfonner removal. It is 
also important to ensure that the enclosure walls are structurally 1solated from 
the transformer foundation to avoid radiation of structure-borne noise resulting 
transformer-induced vibration. Further information about the control of trans­
former noise 1s available from most maJor transformer manufacturers as well as 
from reference 25. And a promismg passive means of canceling tonal nmse radi­
ated from transformer s1dewalls by means of an attached mechanical oscillator 
1s discussed m reference 26. 

As energy efficiency becomes increasingly important, new transformers are 
bemg purchased with low electrical lasses reducing operating costs. Experience 
at numerous electrical facilities mdicates that new high-efficiency low-loss 
transformers also often produce core noise levels 5-10 dB less than the NEMA 
standard values. 

Instead of, or in addition to, reducing the nmse radiated from a transformer 
substation, it is sometimes possible to site a transformer far from res1dential 
neighbors or within an existing noisy area, such as close to a well~traveled high­
way, where the amb1ent sounds partially mask the transformer noise. 

16.13 WIND TURBINES 

The mstallation of modem wmd energy systems is growing rapidly throughout 
many areas of the world. Installed capac1ty by 2001 exceeded 30,000 MWe as 
the reliability and effic1ency of modem wind turbmes mcreased and the costs 
declined. It has been estimated that wind turbines will generate more. than 10% 
of the world's energy, more than 1200 GW, by year 2020. Wind turbine capacity 
is generally rated based on rotor diameter, rotor swept area, or generator capacity 
m watts. Small-capacity wind turbines are generally rated at less than about 5 kW, 
medium turbmes at about 5-300 kW, and large wmd turbines at about 500 kW 
and above. Large turbmes are now available rated at up to 1-5 MW, and with 
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multiple turbmes on a smgle tower, ratings can continue to increase. Wind turbme 
parks or farms are being developed onshore and offshore with rated capacities 
of 50-150 MWe and greater. The development of wind turbme rotors to operate 
w1th low wind speeds will mcrease the available resource area and will bring 
development closer to more people. , 

The main types of noise from wind turbmes are aerodynamic, mechanical, 
and electrical. The pnnc1pal sources of n01se include the rotor blades, the gear­
box, and the generator. Additional sources include the brak:es, the electronics, 
and the tower. Earlier wind turbme mstallations produced both prominent tonal 
noise from the gear box and a strongly modulated "thumping" noise most often 
associated with the rotor blades passing through and mteracting with the turbu­
lent tower wake flow at downwind machines. Fortunately, the manufacturers of 
modern wind turbmes have learned to avoid what were these most noticeable 
and annoying aspects of wind turbme noise. 

Cons1derable progress in reducing noise generation and radiation continues to 
be made by the equipment manufacturers with ongoing technical support from 
research orgamzations (reference 27). Noise abatement for modem ,vind turbines 
includes increasmgly efficient rotor blade profiles, variable-speed and variable­
pitch rotors, advanced electronics, and low-noise gearboxes, as well as vibration 
isolation mounts and sound absorption w1thin turbine nacelles. Noise from mod­
em wind turbines is generally dominated by broadband rotor noise that is directly 
related to tip speed. Information about aeroacoustical noise generation is provided 
m Chapter 15. ~-··,t 

Modem wmd turbines are generally available that produce broadband noise 
without strong tonal components. The midfrequency aerodynarnic rotor n01se gen­
erally includes sorne noticeable tirne-varymg amplitude modulat10n at the passmg 
frequency of the rotor blade (number of blades times the rotation rate in revolu­
tions per second). For a three-blade constant-speed turbine operating at 25 rpm, 
this 1s 1.25 Hz. For variable-rotor-speed turbines. the modulation frequency will 
often be in the range of 0.5-1 Hz. 

. The approximate A-weighted sound power level of modem .medium to large 
wmd turbmes can be estimated w1th the relationships proVIded m Eq. (16.30) or 
(16.31), although the sound power level of some turbines will be as rnuch as 
10 dBA greater: 

{ 
86 + 10 log D (dBA) (16.30) 

Wind turbme, A-we1ghted sound power level 
73 + 10 log kW (dBA) (16.31) 

where D is the rotor diameter in meters and kW is the rated turbine power. 
Altematively, the approximate footprint area surrounding a modem wmd tur­

bme within wh1ch the A-weighted sound level equals or exceeds 40 dBA can be 
estimated with the relationship provided in Eq. (16.32): 

Wind turbme 40 dBA footpnnt area in square meters 800 x kW 
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The operating charactenstics, including noise generation under specific 
conditions, of most modern wind turbines have been certified in accordance 
with national and international standards. The special requirements associated 
with reliable measurements and specification of wind turbme noise are defined 
by International Standard IEC 61400-11, 1998, "Wind Turbine Generator 
Systems- Part 11: Acoustic Noise Measurement Techniques." 

16.14 SUMMARY 

The machinery noise prediction procedures and relations presented in this chapter 
are based primarily on extensive field measurement data collected by the authors 
and their colleagues dunng many years of consulting projects. The results 
obtained when using these relations should be useful for many engrneering 
applications. The reader is cautioned, however, that site-specific installation 
conditions and individual equipment charactenstics can cause noise levels to 
be somewhat higher or lower than predicted, and detailed knowledge of these 
exceptions can be important for cntical applications. Also, many items of 
equipment can be purchased with reduced noise, can be installed so as to reduce 
noise, or can be fitted with effective noise .control treatments. 

The authors continue to add to and update their library of eqmpment n01se 
ermss10n data used in the preparation of this chapter. Readers with access to new 
or useful data or information on equipment n01se characteristics or control and 
wanting to share their informat10n are encouraged to send copies to the authors. 
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This chapter provides gmdelines, recommendations, and design tools useful m 
assessing and controlling noise and vibration stemming from mechamcal systems 
servmg buildings. Discussed are the transmission of n01se along duct systems, 
airflow velocities at vanous points in duct systems that are consistent with par­
ticular noise goals, fan n01se, terminal box n01se, and special design features for 
especially quiet heatmg, ventilatmg, and air conditioning (HVAC) systems. Sound 
isolation for mechanical rooms and specrnl consideration for the application of 
vibration isolation for mechamcal equipment in buildings are also addressed. 
Further discuss10n and additional detailed design information can be found m 
references 1-5, and m Chapters 9-15 of this book. 

17.1 DUCT-BORNE NOISE TRANSMISSION 

It is of significant practlcal interest to predict the n01se that transmits via a ducted 
system from a source to a receiver space to achieve a desrred n01se goal. This 
is typically done by startmg with the noise of a known source (typically and 
pnmarily a fan) and subtracting from this the attenuation provided by each of 
the vanous duct elements that the noise encounters as lt propagates along the 
duct path. Thus, from a known n01se source level, one can predict the n01se level 
that reaches the occupant of a space and can engmeer any specrnl attenuation 
treatments that may need to be mcorporated m the duct system to help achieve a 
desrred result. Alternatively, one can work backward from a desired noise goal 
in the receiving space to detennine the pernnssible sound power level of a fan 
serving the system (or other source in the system). There are many acoustical 
complexities that are difficult to model precisely without exhaustive knowledge 
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of the duct construction and the nature of the sound field entenng a duct ele­
ment, and such details are generally not well known. The prediction procedure 
is really a guide to make decisions in order to achieve designs that are in the 
correct neighborhood of the goal, and generally the procedure 1s a good guide in 
the moderately lower frequency range that is of greatest interest for ventilation 
systems. There are many aspects of ducted systems which are sfrongly frequency 
dependent in the higher frequency range, and the prec1s10n of the calculat10ns 
may be questionable for extensive systems in this frequency range. Fortunately, 
in designing noise control for ducted systems, when the lower frequencies are 
suitably controlled, the predicted noise levels at higher frequencies are dramat­
ically lower than the goal and there is no need to make precise predictions m 
this higher frequency range. The following presents some of the data necessary 
to assess attenuation m the path of sound propagation from source to receiver. 
Considerations for some relevant noise sources are presented later. 

Sound Attenuation in Straight Ducts 

Even the attenuation of sound propagating in simple, straight ducts is qmte com­
plex. The sound attenuation in straight ducts of uniform cross section and wall 
construction is usually given in attenuat10n per umt length, decibels per meter 
or decibels per feet, assurmng that every umt of duct length provides the same 
amount of attenuation. This is a considerable simplification because the attenua­
tlon is a fonction of the character of the. . .s9:irnd field entenng the duct sect10n and 
the character of the sound field is constantly changing along the length of even 
a straight-duct run. At frequencies hlgh enough for the duct to support higher 
order modes, these higher order modes are much more rapidly attenuated by 
duct attenuation treatments than the plane-wave fondamental mode. Attenuation 
of sound along a duct is a fonction of the sound dissipation when the sound wave 
mteracts with the walls of the duct and this is deterrnined by the impedance of 
the duct wall. Sound attenuation in lined ducts and silencers is treated in detail in 
Chapter 9. At high frequencies, energy loss due to sound transrmss10n through the 
bare sheet metal duct walls yields only very little sound attenuation for the duct 
path. However, with sound-absorptive limng of the walls, high-frequency sound 
attenuat10n along the ducts can be quite high. At low frequencies, a substantial 
portion of the sound attenuation along the duct path is provided by energy trans­
rmss10n through the sheet metal walls of the duct-breakout. Form, stiffness, 
and surface weight control the low-frequency sound attenuation. Consequently, 
unlined form-stiff round ducts yield much less sound attenuation (and also much 
higher breakout sound transmission loss) than do ducts with rectangular or aval 
cross section and with large aspect rat10. The sound attenuation values repre­
sented herein are for typical duct construction withm the range of constructions 
typically allowed by tlle Sheet Metal and Air Conditlomng Nat10nal Associat10n 
(SMACNA) for low-pressure ductwork. 

Estimat10n of the attenuation provided by unlined and lined ducts of round 
and rectangular duct constructions typically found m the field is presented in 
Tables 17.1-17.6. 

DUCT-BORNE NOISE TRANSMISSION 

TABLE 17.1 Sound Attenuation in Unlined 
Rectangular Sheet Metal Ducts 

Attenuation_by Octave-Band 

Duct Size, PJA, Center Freque'~cy, dB/ft 

in. X in. ft-1 63 Hz 125 Hz 250 Hz >250 Hz 

6x6 8.0 0.30 0.20 0.10 0.10 
12 X 12 4.0 0.35 0.20 0.10 0.06 
12 X 24 3.0 0.40 0.20 0.10 0.05 
24 X 24 2.0 0.25 o'.20 0.10 0.03 
48 X 48 1.0 0.15 0.10 0.07 0.02 
72 X 72 0.7 0.10 0.10 0.05 0.02 

Source: 1999 ASHRAE Applications Handbook, © American 
Society of Heating, Refrigerating and Air Conditioning Eng1-
neers, Inc., www.ashrae.org. 

Sound Attenuation by Duct Divisions 
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When sound propagatmg along a duct encounters a duct branch, the acoustical 
energy <livides mto tlle two branches according to the fraction of the area that 
each represents to the total area leavmg the divis10n. This is probably a reasonable 
approximatlon of what happens at lower frequencies, but at higher frequencies 
there are likely to be directlonal effects for which this simple model does not 
account. Fortunately, for most practical HVAC n01se control concems, the low­
frequency range is of the greatest iriterest. The attenuation in decibels that occurs 
at a duct divis10n is given by 

Attenuation = 10 log(~~) dB (17.1) 

where A1 is the area of the duct leaving the divis10n on the patll being studied 
and AT is the total area of all branches leavmg the division. 

Sound Attenuation by Duct Cross-Sectional Area Changes 

Sound propagatmg along a duct is reflected back if it encounters a sudden cross­
sectional area change. The strength of reflect10n at low frequencies, where only 
the fondamental plane wave can propagate in the duct, depends only on the ratio 
of tlle cross-sectional areas. Whether the sound is coming from the duct of tlle 
larger or smaller cross-sectional area, tlle resulting sound attenuation is given by 

(17.2) 
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TABLE 17.2 Insertion loss for Rectangular Sheet Metal Ducts with 1-in. TABLE 17.3 Insertion loss for Rectangular Sheet Metal. Ducts with 2-in. 
Fiberglass Lining" Fiberglass Liniug" 

Insert:J.on Loss by Octave Band Center Frequency, dB/ft Insertion Loss by Octave-Band Center Frequency, dB/ft 

Dimensions, m. x m. 125 Hz 250 Hz 500 Hz 1000 Hz 2000 Hz 4000 Hz Dimensions, m. x m. 125 Hz 250 Hz 500 Hz 1000 Hz 2000 Hz 4000 Hz 
6x6 0.6 1.5 2.7 5.8 7.4 4.3 6x6 0.8 2.9 4.9 7.2 7.4 4.3 

6 X 10 0.5 1.2 2.4 5.1 6.1 3.7 6 X 10 0.7 2.4 4.4 6.4 6.1 3.7 
6 X 12 0.5 1.2 2.3 5.0 5.8 3.6 6 X 12 0.6 2.3 4.2 6.2 5.8 3.6 
6 X 18 0.5 1.0 2.2 4.7 5.2 3.3 6 X 18 0.6 2.1 4.0 5.8 5.2 3.3 
8x8 0.5 1.2 2.3 5.0 5.8 3.6 8x8 0.6 2.3 4.2 6.2 5.8 3.6 
8 X 12 0.4 1.0 2.1 4.5 4.9 3.2 8 X 12 0.6 1.9 3.9 5.6 4.9 3.2 
8 X 16 0.4 0.9 2.0 4.3 4.5 3.0 8 X 16 0.5 1.8 3.7 5.4 4.5 3.0 
8 X 24 0.4 0.8 1.9 4.0 4.1 2.8 8 X 24 0.5 1.6 3.5 5.0 4.1 2.8 

10 X 10 0.4 1.0 2:1 4.4 4.7 3.1 10 X 10 0.6 1.9 3.8 5.5 4.7 3.1 
10 X 16 0.4 0.8 1.9 4.0 4.0 2.7 10 X 16 0.5 1.6 3.4 5.0 4.0 2.7 
10 X 20 0.3 0.8 1.8 3.8 3.7 2.6 10 X 20 0.4 1.5 3.3 4.8 3.7 2.6 
10 X 30 0.3 0.7 1.7 3.6 3.3 2.4 10 X 30 0.4 1.3 3.1 4.5 3.3 2.4 
12 X 12 0.4 0.8 1.9 4.0 4.1 2.8 12 X 12 0.5 1.6 3.5 5.0 4.1 2.8 
12 X 18 0.3 0.7 1.7 3.7 3.5 2.5 12 X 18 0.4 1.4 3.2 4.6 3.5 2.5 
12 X 24 0.3 0.6 1.7 3.5 3.2 2.3 12 X 24 0.4 l.3 3.0 4.3 3.2 2.3 
12 X 36 0.3 0.6 1.6 3.3 2.9 2.2 12 X 36 0.4 1.2 2.9 4.1 2.9 2.2 
15 X 15 0.3 0.7 1.7 3.6 3.3 2.4 15 X 15 0.4 1.3 3.1 4.5 3.3 2.4 
15 X 22 0.3 0.6 1.6 3.3 2.9 2.2 15 X 22 0.4 1.2 2.9 4.1 2.9 2.2 
15 X 30 0.3 0.5 1.5 3.1 2.6 2.0 15 X 30 0.3 1.1 2.7 3.9 2.6 2.0 
15 X 45 0.2 0.5 1.4 2:.9 2.4 1.9 15 X 45 0.3 1.0 2.6 3.6 2.4 1.9 
18 X 18 0.3 0.6 ~--.. ,}.6 3.3 2.9 2.2 18 X 18 0.4 1.2 2.9 4.1 2.9 2.2 
18 X 28 0.2 0.5 1.4 3.0 2.4 1.9 18 X 28 0.3 1.0 2.6 3.7 2.4 1.9 
18 X 36 0.2 0.5 1.4 2.8 2.2 1.8 18 X 36 0.3 0.9 2.5 3.5 2.2 1.8 
18 X 54 0.2 0.4 1.3 2.7 2.0 1.7 18 X 54 0.3 0.8 2.3 3.3 2.0 1.7 
24 X 24 0.2 0.5 1.4 2.8 2.2 1.8 24 X 24 0.3 0.9 2.5 3.5 2.2 1.8 
24 X 36 0.2 0.4 1.2 2.6 1.9 1.6 24 X 36 0.3 0.8 2.3 3.2 1.9 1.6 
24 X 48 0.2 0.4 1.2 2.4 1.7 1.5 24 X 48 0.2 0.7 2.2 3.0 1.7 1.5 
24 X 72 0.2 0.3 1.1 2.3 1.6 1.4 24 X 72 0.2 0.7 2.0 2.9 1.6 1.4 
30 X 30 0.2 0.4 1.2 2.5 1.8 1.6 30 X 30 0.2 0.8 2.2 3.1 1.8 1.6 
30 X 45 0.2 0.3 1.1 2.3 1.6 1.4 30 X 45 0.2 0.7 2.0 2.9 1.6 1.4 
30 X 60 0.2 0.3 1.1 2.2 1.4 1.3 30 X 60 0.2 0.6 1.9 2.7 1.4 1.3 
30 X 90 0.1 0.3 1.0 2.1 1.3 1.2 30 X 90 0.2 0.5 1.8 2.6 1.3 1.2 
36 X 36 0.2 0.3 1.1 2.3 1.6 1.4 36 X 36 0.2 0.7 2.0 2.9 1.6 1.4 
36 X 54 0.1 0.3 1.0 2.1 1.3 l.2 36 X 54 0.2 0.6 1.9 2.6 1.3 1.2 
36 X 72 0.1 0.3 1.0 2.0 1.2 1.2 36 X 72 0.2 0.5 1.8 2.5 1.2 1.2 
36 X 108 0.1 0.2 0.9 1.9 1.1 1.1 36 X 108 0.2 0.5 1.7 2.3 1.1 1.1 
42 X 42 0.2 0.3 1.0 2.1 1.4 1.3 42 X 42 0.2 0.6 1.9 2.6 1.4 1.3 
42 X 64 0.1 0.3 0.9 1.9 1.2 1.1 42 X 64 0.2 0.5 1.7 2.4 1.2 1.1 
42 X 84 0.1 0.2 0.9 1.8 1.1 1.1 42 X 84 0.2 0.5 1.6 2.3 1.1 1.1 
42 X 126 0.1 0.2 0.9 1.7 1.0 1.0 42 X 126 0.1 0.4 1.6 2.2 1.0 1.0 
48 X 48 0.1 0.3 1.0 2.0 1.2 1.2 48 x48 0.2 0.5 1.8 2.5 1.2 1.2 
48 X 72 0.1 0.2 0.9 1.8 1.0 1.0 48 X 72 0.2 0.4 1.6 2.3 1.0 1.0 
48 X 96 0.1 0.2 0.8 1.7 1.0 LO 48 X 96 0.1 0.4 1.5 2.1 LO LO 
48 X 144 0.1 0.2 0.8 1.6 0:9 0.9 48 X 144 0.1 0.4 1.5 2.0 0.9 0.9 

a Add to attenuation of bare stieet metal ctucts. • Add to attenuanon of bare sheet metal ducts. 
Source: 1999 ASHRAE Applications Handbook, © American Society of Heatmg, Refrigerating and Air Concli- Source: 1999 ASHRAE Applicatwns Hcmdbook, © Amencan Society of Heating, Refrigeratrng and Air Condi-
nomng Englneers, Inc., www.asllrae.org. tiomng Eng:meers, Inc .. www .asllrae.org. 
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TABLE 17.4 Sound Attenuation in Straight Unlined Round Ducts TABLE 17.6 Insertion Loss for Acoustically Lined Round Ducts with 

Attenuation by Octave-Band Center Frequency, dB/ft 
2~in. Lining" 

Diameter, in. 63 Hz 125 Hz 250 Hz 500 Hz 1000 Hz 2000 Hz 4000 Hz 
Insertion Loss by Octave-Band Center Frequency, dB/ft 

D :s:7 0.03 0.03 0.05 0.05 0.10 0.10 0.10 Diameter, m. 63 Hz 125 Hz 250 Hz 500 Hz 1000 Hz 2000 Hz· 4000 Hz 8000 Hz 

7 < D :S: 15 0.03 0.03 0.03 0.05 0.07 0.07 0.07 6 0.56 0.80 1.37 2.25 2.17 2.31 2.04 1.26 
15 < D :S: 30 0.02 0.02 0.02 0.03 0.05 0.05 0.05 8 0.51 0.75 1.33 2.23 2.19 2.17 1.83 1.18 
30<D:S:60 0.01 0.01 0.01 0.02 0.02 0.02 0.02 w 0.46 0.71 1.29 2.20 2.20 2.04 1.64 1.12 

12 0.42 0.67 1.25 2.18 2.18 1.91 1.48 1.05 
Source: 1999 ASHRAE Applicattons Handbook, © Amencan Society of Heanng, Refrigerating and 14 0.38 0.63 1.21 2.15 2.14 1.79 1.34 1.00 
Air Conditioning Engmeers, Inc., www.ashrae.org. 16 0.35 0.59 1.17 2.12 2.08 1.67 1.21 0.95 

18 0.32 0.56 1.13 2.10 2.01 1.56 1.10 0.90 
TABLE 17.5 Insertion Loss for Acoustically Lined Round Ducts with •·· 20 0.29 0.52 1.09 2.07 1.92 1.45 1.00 0.87 
1-in. Lining" 22 0.27 0.49 1.05 2.03 1.82 i.34 0.92 0.83 

Insertion Loss by Octave-Band Center Frequency, dB/ft 
24 0.25 0.46 1.01 2.00 1.71 1.24 0.85 0.80 
26 0.24 -0.43 0.97 1.96 1.59 1.14 0.79 0.77 

Diameter, m. 63 Hz 125 Hz 250 Hz .500 Hz 1000 Hz 2000 Hz 4000 Hz 8000 Hz 28 0.22 0.40 0.93 1.93 1.46 1.04 0.74 0.74 

2.04 1.26 
30 0.21 0.37 0.90 1.88 1.33 0.95 0.69 0.71 

6 0.38 0.59 0.93 1.53 2.17 2.31 32 0.20 0.34 0.86 1.84 1.20 0.87 0.66 0.69 
8 0.32 0.54 0.89 1.50 2.19 2.17 1.83 1.18 34 0.19 0.32 0.82 1.79 1.07 0.79 0.63 0.66 

10 0.27 0.50 0.85 1.48 2.20 2.04 1.64 1.12 36 0.18 0.29 0.79 1.74 0.93 0.71 0.60 0.64 
12 0.23 0.46 0.81 1.45 2.18 1.91 1.48 1.05 38 0.17 0.27 0.76 1.69 0.80 0.64 0.58 0.61 
14 0.19 0.42 0.77 1.43 2.14 1.79 1.34 1.00 40 0.16 0.24 0.73 1.63 0.68 0.57 0.55 0.58 
16 0.16 0.38 0.73 1.40 2.08 1.67 1.21 0.95 42 0.15 0.22 0.70 1.57 0.56 0.50 0.53 0.55 
18 0.13 0.35 0.69 i'.'37° 2.01 1.56 1.10 0.90 44 0.13 0.20 0.67 1.50 0.45 0.44 0.51 0.52 
20 0.11 0.31 0.65 1.34 1.92 1.45 1.00 0.87 46 0.12 0.17 0.64 1.43 0.35 0.39 0.48 0.48 
22 0.08 0.28 0.61 1.31 1.82 1.34 0.92 0.83 48 0.11 0.15 0.62 1.36 0.26 0.34 0.45 0.44 
24 0.07 0.25 0.57 1.28 1.71 1.24 0.85 0.80 50 0.09 0.12 0.60 1.28 0.19 0.29 0.41 0.40 
26 0.05 0.22 0.53 1.24 1.59 1.14 0.79 0.77 52 0.07 0.10 0.58 1.19 0.13 0.25 0.37 0.34 
28 0.03 0.19 0.49 1.20 1.46 1.04 0.74 0.74 54 0.05 0.08 0.56 1.10 0.09 0.22 0.31 0.29 
30 0.02 0.16 0.45 1.16 1.33 0.95 0.69 0.71 56 0.02 0.05 0.55 1.00 0.08 0.18 0.25 0.22 
32 0.01 0.14 0.42 1.12 1.20 0.87 0.66 0.69 58 0 0.03 0.53 0.90 0.08 0.16 0.18 0.15 
34 0 0.11 0.38 1.07 1.07 0.79 0.63 0.66 60 0 0 0.53 0.79 0.10 0.14 0.09 0.07 
36 0 0.08 0.35 1.02 0.93 0.71 0.60 0.64 
38 0 0.06 0.31 0.96 0.80 0.64 0.58 0.61 a Add to attenuat10n of bare sheet metal duels. 
40 0 0.03 0.28 0.91 0.68 0.57 0.55 0.58 Source: 1999 ASHRAE Applications Handbook, © American Society of Heating, Refrigeranng and 
42 0 0.01 0.25 0.84 0.56 0.50 0.53 0.55 Air Conditiomng Engmeers, Inc., www.ashrae.org. 

44 0 0 0.23 0.78 0.45 0.44 0.51 0.52 
46 0 0 0.20 0.71 0.35 0.39 0.48 0.48 
48 0 0 0.18 0.63 0.26 0.34 0.45 0.44 Equation (17 .2) y1elds an attenuation of only 0.5 dB for a cross-sectional area 

50 0 0 0.15 0.55 0.19 0.29 0.41 0.40 change of Ai/ A2 2 or A2/ A1 = 0.5 and that of 2 dB for a 1 4 or 4 1 change. 
52 0 0 0.14 0.46 0.13 0.25 0.37 0.34 Since abrupt changes in duct cross-sectional area do not occur very often 
54 0 0 0.12 0.37 0.09 0.22 0.31 0.29 for aerodynalllic reasons, the attenuatlon attributable to duct cross-sectional area 
56 0 0 0.10 0.28 0.08 0.18 0.25 0.22 changes usually encountered in HVAC duct design is very small. 
58 0 0 0.09 0.17 0.08 0.16 0.18 0.15 
60 0 0 0.08 0.06 0.10 0.14 0.09 0.07 

Sound Attenuation by Elbows 
a Add to attenuanon of bare sheet metal ducts. 

When sound propagatmg along a duct encounters an elbow, some of the sound is Source: 1999 ASHRAE Applicattons Handbook, © American Society of Heating, Refrigerating and 
Air Conditiomng Engmeers, Inc., www.ashrae.org. reflected back in the direction from which it was commg, some is diss1pated, and 
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some continues to propagate along the duct path. The fraction of sound energy 
that is reflected or dissipated determines the attenuation. The attenuation is a 
function of frequency and size of the elbow. The attenuation is also impacted by 
the type of elbow (mitered, mitered wîth vanes, and radiused) and the presence 
(or absence) of sound-absorbing lining in the duct (or on the turning vanes). 
Mitered elbows with vanes and radiused elbows tend to transmit more higher 
frequency energy around the bend than mitered elbows w1thout vanes and so they 
provide less attenuation for the duct path. However, they yield lower pressure 
drop and therefore are commonly used. Tables 17.7-17.9 present the estimated 
sound attenuation for various elbow types. 

TABLE 17.7 Insertion Loss of Unlined and Lined 
Rectangular Elbows without Turning Vanes 

Insertion Loss, dB 

Unlined Elbows Lfued Elbows 

fw < 1.9 0 0 
1.9::::; fw < 3.8 1 1 
3.8::; fw < 1.5 5 6 
7.5::; fw < 15 8 11 
15::; fw < 30 4 10 

fw > 30 --~.}<) 10 

Note: fw f x w, wllere f = center frequency, kHz, and 
w = width, in. 
Source: 1999 ASHRAE Applicattons Handbook, © American 
Society of Heating, Refrigerating and Air Conditlorung Engi­
neers, Inc., www.ashrae.org. 

TABLE 17.8 Insertion Loss of Unlined and Lined 
Rectangular Elbows with Turning Vanes 

Insertton Loss, dB 

Unlined Elbows Lined Elbows 

fw < 1.9 0 0 
1.9:;: fw < 3.8 1 1 
3.8:;: fw < 1.5 4 4 
7.5:;: fw < 15 6 7 

fw > 15 4 7 

Note: fw f x w, where f center frequency, kHz, and 
w = width, m. 
Source: 1999 ASHRAE Applicatzons Handbook, © American 
Society of Heating, Refrigerating and Air Conditionmg Engi-· 
neers, Inc., www.asllrae.org. 

DUCT-BORNE NOISE TRANSMISSION 

TABLE 17.9 Insertion Loss of Unlined Round 
Elbows 

fw < 1.9 
1.9::; fw < 3.8 
3.8:;: fw < 1.5 

fw > 1.5 

Insertion Loss, dB 

0 
1 
2 
3 

Note: fw = f x w, where f = center frequency, kHz, and 
w width, in. 
Source: 1999 ASHRAE Applications Handbook, © American 
Society of Heating, Refrigerating and Air Conditlonmg Engi­
neers, Inc., www.aslrrae.org. 

Prefabricated Sound Attenuators 
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Prefabricated sound-attenuating dev1ces (duct silencers) are available from a van­
ety of manufacturers in a variety of styles, configurations, and constructions to 
fit virtually every HVAC system application and to meet every sound attenuation 
requirement. The sound-absorptive media may be conventional dissipative mate­
nals such as glass fiber, mineral wool, or nylon wool covered by a perforated 
metal facing sheet to provide physical protection for the fibrous sound-absorbîng 
material from erosion by the turbulent flow. For low-velocity flows the sound­
dissipating material may be protected only by a thin surface layer of flow-res1stJ.ve 
facing such as applied on the surface of duct liners. For special applications, to 
prevent any fi.brous material from getting mto the air stream, the fill material can 
be sealed in thin plastic bagging. This typ1cally will slightly increase the acous­
tical attenuation at specific 1ow and ID1dfrequenc1es and diminish it substantially 
at lngh frequenc1es compared to unfaced fill. Special constructton details are typ­
ically required to prevent the film from sealing the holes in the perforated metal 
protective facîng and to av01d chafing qf the film on sharp edges formed on the 
back of the perforated metal in the punchmg process. Detailed information on 
the design and prediction of dissipative silencers is given in Chapter 9. There 
are also silencers without traditional dissipative fill but with special acousttcally 
reactive surfaces lining the air channels which remove acoustical energy from 
the air stream. 

Basic silencers have a straight-through air path with aerodynamîc inlet and 
discharge geometry to help minîmize pressure losses which are greatest at the 
flow trans1t1on pomts. Silencers are also available w1th special flow configura­
tions for special applicattons. For HVAC system applications, elbow configuration 
silencers are particularly notable since these can help to avoid difficult flow con­
ditions that could otherwise exist or even be caused by aerodynamically poor 
application of a straight silencer. 

Manufacturers' information should be used for the prediction of the sourid 
attenuation, pressure drop, and flow-generated noise. For a g1ven application 
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there are typically several silencers that might be able to prov1de the desired 
acoustical performance. The n01se control and HVAC design engmeers must 
select one that also yields a suitably low pressure drop and trade-offs will need 
to be considered between the length and the res1stance class of the silencer. For 
most typical HVAC system applications the pressure drop across the silencer 
should be limited to about 0.30 in. water gauge (wg). The pressure loss can 
be higher, but the designer needs to be sure the extra pressure loss will not 
have undesirable impacts on the system. The energy consumed to overcome the 
pressure drop of the silencer should be cons1dered in deciding what pressure loss 
is acceptable. Over the lifetime of the system, significant energy cost savings 
will result from havmg a silencer that has a particularly low pressure drop. The 
savings may be much more than the extra imtial cost of the lower pressure drop 
model. Silencers should not be placed in the duct just upstream of a fan to av01d 
having the turbulent flow from the tail end of the baffles internet with thé fan 
blade, which will increase the fan's broadband and blade passage tone noise. 

Ideally, the atrflow entering and leaving the silencer should be straight and 
smooth to approach the conditions under which the sound attenuatlon, pressure 
drop, and flow noise of the silencer are tested in accordance w1th ASTM E-477 
or ISO 7235. In the field, such ideal conditions seldom occur, and there is some 
degree of excess pressure drop beyond the catalÔgued value for the application 
due to system effects. The system designer needs to consider these· when making 
pressure drop predict1ons. To the exteµt that the silencers are placed m positions 

''"•,! 
where the m:flow is distorted and turbulent, there will be extra pressure drop. 
Figure 17 .1 presents some common flow configurations and the associated extra 
pressure drop multiplier to be applied to the catalogued silencer pressure loss. 

Because of the high veloclty flows through the narrow silencer channels and 
the imperfect conversion of velocity pressure to static pressure at the discharge, 
turbulence is generated in the flow through silencers and this creates flow noise. 
The manufacturers typically tabulate the flow-generated nmse of their silencers 
at various face velocities. The total flow-generated sound power is a function of 
the face velocity and the area of the silencers, and the noise generated by the 
silencer will typically be published for various face veloc1ties and for a specific 
cross-sectional area. This data must· be adjusted for the cross-sectional size of 
the silencer actually used when one predicts the flow-generated noise by adding 
10 log Ai/ Ao to the published data (where A1 1s the actual silencer area and 
Ao is the area that 1s the bas1s for the presented data, in consistent umts). The 
noise generated by the silencer becomes another source of noise that propagates 
along the duct and needs to be addressed. The closer the silencer is placed to 
the receiving space and the quieter the receivmg space, the more care needs to 
be taken in controlling flow-generated n01se because there is less opportunity 
to attenuate 1t before it reaches the receiving space. For duct systems serving 
spaces where the noise goal is moderate (perhaps NC-35 to NC-40; NC noise 
critenon) silencers located near the occup1ed space (such as on the room-side of a 
terminal box) typically need to be sized for less about 0.10 m. wg pressure drop. 
Where the noise goal is more strmgent, the pressure loss through the silencer 
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FIGURE 17.1 Factor by which catalogue silencer pressure loss is multiplied for vanous 
applications. (Reproduced w1th pernnssion from Vibro-Acoustlcs.) 
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needs to be comrnensurately lower. When silencers are located • near the fans, 
at the beginning of systems, the noise of the fan on the building side of the 
silencer will often still be substannally higher than the flow-generated noise of 
the silencer (if selected for reasonable pressure loss), so that flow n01se is not of 
concem. The lower the n01se goal, the more carefully this needs to be checked. 

Poorly selected and positioned silencers, which produce excessive pressure 
drop, can cause more noise problems than they solve. 

Sound Attenuation by Plenums 

Plenums in duct systems can often provide s1gnificant sound attenuation for the 
ducted path. The extent of the attenuation depends upon the size of the plenum 
compared to the connecting ducts, the onentation of the inlets and outlets, and the 
absorptiv1ty of the inner walls. Equations (17.3)-(17.5) as applied to Fig. 17.2 
provide a method for estimating the attenuation provided by plenums: 

TL [ (
Q COS 0 1-: O!A)J 

-10 loglO Sout 4nr2 + SaA (17.3) 

where (refer to 17.2) 
where TL transmission loss, dB 

Sout area of outlet section of plenum, ft2 
S total inside surface area Of plenum minus inlet and outlet area, 
r = distance between centers of inlet and outlet sections of plenum, ft 

Q = directivity factor, which may be taken as 4 
aA = average absorption coefficient of the plenum lining 
e = angle of vector representmg r to long axis l of plenum 

The average absorption coefficient aA of the plenum limng is 

S1a1 + S2œ2 

s (17.4) 

FIGURE 17.2 Schemat1c of plenum chamber. Source: 1999 ASHRAE Applications 
Handbook, © Amencan Society of Heatmg, Refrigerating and Air Condit10ning 
neers, Inc., www.ashrae.org. 
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where a 1 = sound absorption coefficient of any bare or unlined inside surfaces 
of plenum 

S1 = surface area of bare or unlined inside surface of plenum, ft2 

a2 = sound absorption coefficient of any acoustically lined mside 
surfaces of plenum 

S2 surface area of acoustically lined inside surface of plenum, ft2 

The value of cos e is obtained from 

cos e (17.5) 
r 

where l = length of plenum, ft 
rv vertical offset between axes of plenum 1nlet and outlet, ft 
rh horizontal offset between axes of plenum in.let and outlet, ft 

The precis1on of plenum insertion loss predict10ns is generally not considered to 
be very good, and research is bemg conducted currently to improve the accuracy 
of the predicted attenuation of these duct elements. The results of the above 
equations are only valid where the wavelengtlI of sound is small compared to the 
characteristic dimens10ns of the plenum. Equation (17.3) is not valid below the 
cutoff frequency of the entering and ex1ting ducts, given as 

and 

Co 
fco = - for rectangular ducts 

2a 

fco 
0.586co 

d 
for circular ducts 

where fco cutoff frequency, Hz 
c0 = speed of sound in air, mis 
a = larger cross-sectional dimension of duct, m 
d = diameter of duct, m 

End-Reflection Loss 

When sound propagating along ducts reaches an abrupt change m cross-sectional 
area (such as the termination of a duct system at a diffuser or grille) and there 1s 
no disturbance of tlle sound field as it makes the transition, some low-frequency 
sound reflects back from the point of the abrupt change and does not propagate on 
toward the receivers of concem. The end-reflection loss is a function of the s1ze of 
the termmation compared with the acoustical wavelength and the specific location 
of the duct termination w1thin the room. Typical values of end reflections are given 
in Table 17.10. Note that these are for 1dealized conditions. If there is a grille or 
diffuser at the termination of the duct system or if the grille or diffuser 1s not in 
the middle of a plane (like the ceiling) but is in a two- or three-dimensional 
corner of the room, the end reflection will be lower. For each factor that deviates 
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TABLE 17.10 Duct End-Reflection Loss 

Duct 
End Refl.ect:Ion Loss by Octave-Band Center dB 

Diameter, in. 63 Hz 125 Hz 250 Hz 500Hz 1000 Hz 2000 Hz 

Duct Tenninated in Free Space 

6 20 14 9 5 2 1 
8 18 12 7 3 1 0 

10 16 11 6 2 1 0 
12 14 9 5 2 1 0 
16 12 7 3 1 0 0 
20 10 6 2 1 0 0 
24 9 5 2 1 0 0 
28 8 4 1 0 0 0 
32 7 3 1 0 0 0 
36 6 3 1 - 0 0 0 
48 5 2 1 0 0 0 
72 3 1 0 0 0 0 

Duct Tenninated Flush with Surf ace 

6 18 13 8 4 1 
8 16 11 6 2 1 

10 14 9 5 2 l 
12 13 8 4 1 0 
16 10 6 -2~ -,t; 1 0 
20 9 5 2 1 0 
24 8 4 1 0 0 
28 7 3 1 0 0 
32 6 2 1 0 0 
36 5 2 1 0 0 
48 4 1 0 0 0 
72 2 0 0 0 

Source: 1999 ASHRAE Applications Handbook, © American Society of Heating, Refrigeratmg and 
Air Conditiomng Engineers, Inc., www.ashrae.org. 

from the ideal case, one might consider the effective duct emitting area to be 4 
times the actual duct size when entenng the chart. 

Note that end-reflection losses are not limited to the duct terminations but can 
be a useful technique withm a ducted system to get low-frequency attenuation, 
for mstance where a duct abruptly enters a large highly sound absorptive plenum 
volume. 

Room Effect 

Room effect is the translation of the sound power enutted into the room from 
the duct system to the sound pressure level that results in the space at a g1ven 
location. The process of predicting the sound pressure lev el from the sound power 
level 1s treated in detail m Chapter 7. 
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The classical method to relate the sound pressure that results in a room to 
the sound power emitted from a source 1s modeled by a point sound source for 
small-s1ze sources, such as round or rectangular diffusers, and by a line sound 
source m the case of strip diffusers or duct breakout. Note that the amplitude of 
the reverberant sound field, whlch donunates at large distances from the source, 
is independent of the nature of the source. However, the amplitude of the direct 
sound, which donunates in the vicinity of the sound source, strongly depends on 
how the sound energy spreads from the source. 

For a point sound source radiatmg into the room the sound pressure level at a 
distance r (resulting from the power-based addition of the direct and reverberant 
fields) is given m the equation 

where Lw 

Lp 
R 
s 

Q 

source sound power level, dB re 10- 12w 
sound pressure level, dB re 2 x 10- 5N/m 2 

room constant,= SœA/(1 - œA), m2 

total room absorption, m2 

average absorption coefficient of room surfaces 
source-receiver distance, m 
inverse of fraction of sphere to wh1ch sound energy radiates 

(17.6) 

For a case where there is only one source of concern for design, using thls 
equatlon is and sufficient. However, where there are multiple noise sources 
such as various diffusers or grills with close to the same n01se emission level 
and producing close to the sarne n01se level at the rece1ver position, some way to 
adjust the room effect for the multiple diffusers is needed. This might be done by 
adjustmg the room effect by 10 log N decibels, where N is the effective number 
of outlets contributing to the sound at the critical rece1ver location. Other, more 
sophisticated, methods based of sound propagation modeling m rooms presented 
m Chapter 7 may be used when dealing with special situations. 

17.2 FLOW NOISE IN DUCTED SYSTEMS 

The n01se generated by flow in duct systems is a concem for noise transnussion 
ins1de the duct along the duct path and that radiated from the outside surface of 
the duct. N01se generated at particular fittings or duct elements can be estimated 
in accordance with the methods presented in Chapter 15. Flow-generated n01se 
propagates down the ducts Just lik:e noise from any other sources m the duct 
system. It is typically m the mid- and higher frequency range and thus is relatlvely 
easily attenuated by diss1pative treatments such as silencers or limng. When 
attenuating elements do not exist in the ductwork between the source and the 
occupied space, this noise can become a concern. 
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TABLE 17.11 Recommended Airflow Velocities in Lined Duct Systemsa,o 

Duct Element or Dev1ce 

Termmal devicec 
(¼in. mimmum slot width) 
First 8-10 ft of duct 
Next 15-20 ft of duct 
Next 15-20 ft of duct 
Next 15-20 ft of duct 
Next 15-20 ft of duct 
Maxnnum withm spacel> 

Airflow Velocities (fpm) Consistent with Indicated Noise 
Cnterion (NC) through Net Free Area of Duct 

Section or Device 

NC 15 NC20 NC25 NC 30 

Supply Return Supply Return Supply Return Supply Return 

250 300 300 360 350 420 425 510 

300 350 360 420 420 490 510 600 
400 450 480 540 560 630 680 765 
500 570 600 685 700 800 850 970 
640 700 765 840 900 980 1080 1180 
800 900 960 1080 1120 1260 1360 1540 

1000 1100 1200 1320 1400 1540 1700 1870 

Note: Fan n01se must be considered separately. Reduce duct velocities (not diffuser/grille velocities) 
by 20% if ctuctwork 1s unlined. 
• All ctucts with 1-in.-thlck mtemal sound absorptive linmg. 
• Above mmeral fi.ber panel ceiling. Lower velocitles 20% if open or acoustically transparent ceiling. 
cNo dampers, straighteners, deflectors. equalizmg grids. etc. behind tennmal devices. 

The following gu1delines are offei;S'.~ for duct sizing based on the location, 
type, and class of ductwork: 

<3000 feet per mmute (fpm) velocity in round ducts in mechanical rooms and 
shafts, 

<2500 fpm velocity in rectangular ducts m mechamcal rooms and shafts, 
<2000-2500 fpm velocity in the ceiling of occupied spaces with rnineral fi.ber 

ceiling for NC-35 to NC-40 goal, 
< 1500- 2000 fpm velocity in the ceiling of occupied spaces w1th open or 

acoustically transparent ceiling for NC-35 to NC-40 goal, 
<1500 fpm velocity m larger final distribution ducts servmg NC-35 to NC-40 

spaces, 
<a fnction rate (pressure loss rate) of 0.10 m. wg/100 ft of duct run m smaller 

final duct distribution for NC-40, and 
<a fnction rate (pressure loss rate) of 0.08 in. wg/100 ft of duct run m smaller 

final duct distribution for NC-35. 

Au:flow velocity guidelines for the design of spec1al low nmse spaces (typically 
NC-30 and lower) are presented m Table 17.11 for lined duct systems. 

17.3 SYSTEM DESIGN FOR ESPECIALLY QUIET SPACES 

The lower the nmse goal for a particular space, the more carefully the duct 
arrangement needs to be considered from the air balance and aerodynarnic 
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standpoints. In particular, the duct system needs to be des1gned to be as naturally 
balanced as possible. That is, if the system 1s turned on, the airfl.ow naturally 
delivered from each outlet would match the desired airflow with little or no 
<lamper throttling to control the flow. Creating systematically branching duct 
arrangements to an array of diffusers or grilles is typ1cally a good approach. 
There should be suitably long straight ducts between the branches for the flow 
to straighten out and divide, as desired at the next branch. However, not all 
buildings and conditions can accommodate this design concept. Often there is a 
need to have a series of diffusers or branches to diffusers off the side of a large 
main duct. Having at least a modest length (a duct diameter) of straight duct 
run out to the diffuser is always preferred to rmprove the airflow presentation 
to the back of the diffuser and to create a more desirable position for a <lamper 
that can be used to control the flow at a pomt that is away frorn the diffuser. 
For these cases. lt is often best to have the rnam duct that feeds the diffusers 
remarn a constant s1ze so that the pressure drop along the main "header" duct 
becomes small and the flow distribution is controlled by the pressure drop of the 
runouts. To achieve a naturally balanced design, 1t is generally best to have the 
diffusers and grilles be in a reasonably cohes1ve,grouping rather than be w1dely 
spaced out. 

It 1s recommended to avoid havmg a tight cluster of diffusers servmg a critical 
space and then a long "tail" duct extending downstream, because to balance the 
system, it will be necessary to throttle darnpers near the diffusers serving the 
cntical space, and this will cause nmse to be generated. 

Dampers should be provided in duct systems as needed to control the flow, 
but they must be located suffic1ently far from the terminal devices so that the 
turbulence and noise they generate can be su.fficiently attenuated before 1t reaches 
the occupied space. For especially quiet systems, dampers should not be placed at 
or near the face of the diffusers and grilles. It 1s essential to use dampers well back 
in the duct system to adjust for maJor deviations from a natural arr balance design. 

The airflow velocity near diffusers and grilles needs to be appropriately slow 
to avoid excessive noise generation. As one moves back m the duct system away 
from the cntlcal space, flow veloc1ties can progressively increase. Ideally. the 
veloc1ties would step down m moving toward the cntical space m a manner that 
is consistent with the desired systematlc branchmg pattern. The best correlation 
between airflow veloc1ties and the noise resulting in the space of interest is for 
noise from grilles and diffusers in the room and for the ducts closest to the 
room. The correlation between noise reaching the space of mterest and the flow 
veloc1ty becomes Jess direct as one moves further into the duct system, away from 
the receiving space. Thus, there 1s not much room for compromise in veloc1t1es 
close to the occupied space, but there may be roorn for compromise from an 
ideal design at greater distances from the occupied space. 

Table 17 .11 presents suggested velocities in duct systems serving quiet spaces 
to help ensure ach1evmg particular noise goals with acoustically lined ductwork. 
These suggested flow velocities generally assume that the duct configuration will 
be only average in terms of its aerodynamics. If very desrrable arrflow geometry 
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is ach1eved, somewhat higher velocities can be allowed. The suggested veloc1ties 
through the net free area of the diffusers and grilles, given m Table 17 .11, assumes 
a nominal slot w1dth of about 1/2 in. To the extent that w1der slot widths are used, 
higher velocitles can be allowed for a g1ven noise goal. Typically, there rmght 
be an allowable increase in slot veloc1ty of 15-20% for each doubling of the 
nominal slot width up to about 2-in.-wide slots. Special nozzle-type diffusers are 
available to operate more quietly so that they can throw the air further for a given 
n01se level. The manufacturer's noise data should be reviewed for special diffuser 
applications, being sure that the noise generation 1s adjusted from the conditions 
under which the deV1ces are tested to the actual conditions of use. Because, at 
the indicated velocities, it is difficult to blow the air very far, for quiet systems, 
supply air is often delivered using a distributed array of diffusers at the ceiling 
rather than from the s1dewalls of a space. This 1s not to say that s1dewall blow 
applications need to be avo1ded; they JUSt need to be limited to covenng a small 
zone at the s1des of the space rather man trying to conditrnn the entire space 
from this position. Using a combination of ceiling diffusers and s1dewall blow 
diffusers can be a useful techmque to divide the main ducts mto smaller p1eces 
mat will fit through the building more easily than handling all the airflow in fewer 
large ducts. Note that to help fit ducts into buildings it is often better to avoid 
haV1ng diffusers or grilles directly off the s1des of a main duct because the entrre 
airflow m the main duct will have to run at a very low velocity and this duct. 
will be very large. However, in appliGatigns where there is ample space for large 
ducts or where ducts are exposed, this may be a simple, neat, and clean approach 
to the design. Developing the duct distribution in a systematlc branching pattern 
naturally allows the ducts that have the large airflow quantity to be sized at 
a higher veloc1ty, which helps them fit in the building more easily. For qmet 
systems, the space required to handle the airflow at me desired veloc1ties can be 
considerable and this can translate mto requ1ring more building volume in which 
to maneuver the ducts. Considenng the system design concept and velocities early 
in me design can allow me building to be more economical from the standpoint 
of the sheet metal that is used and the building volume that is constructed. Not 
considering me duct system reqmrements early in me design may result in an 
undesirable compromise in the design and/or the noise levels mat can be achleved. 

Note that about a 20% change in velocity is generally associàted w1th a 5-NC 
point change in noise level in the occupied spaces. Thus, a compromise of increas­
ing the airflow velocitles in a project design by 20% will generally mcrease the 
noise by about 5 NC points. Also, lowenng the noise level by about 5 NC pomts 
requires about 20% lower velocities; thls translates into only about 10-15% 
mcrease in the dimensions and surface area of round and (reasonably square) 
rectangular ducts. Increasing the noise goal by 5 NC points will only save about 
10-15% of the sheet metal cost. 

The airflow velocity guidelines in Table 17.11 assume mat there will be lining 
in the duct system, and this is generally recommended to control the noise gen­
erated by flow m the ducts at fittings and unexpected flow obstacles m systems 
that are to be especially quiet. For lower noise goals, more things need to be 
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done properly in me rmplementation of the and there 1s less margm for 
error. If the ductwork does not have lining, it is suggested mat the veloc1t1es m 
the ductwork (not at the diffusers and grilles) be about 20% lower than mdicated 
to allow about a 5-dB margin for the lack of attenuation in the duct path. 

17.4 DIFFUSER AND GRILLE SELECTION 

The airflow velocities for low-n01se spaces presented in Table 17 .11 are only 
guidelines which mclude a number of assumptions, including that the nominal slot 
w1dth is about 1/2 in. and the ductwork leading to the diffuser 1s only normnally 
configured. This also includes assumptlons regarding the room effect and the 
number of diffusers that are contributing to the • sound field at the receiV1ng 
position. Note mat the larger the room, the more lik:ely 1t is that diffusers will 
be more numerous (and hence there will be more sources of n01se), but m this 
case, it 1s also more likely that the diffusers will be further from the receiver and 
hence the room effect will be larger. These two faètors tend to counter each other 
so that a smgle velocity guideline chart can cover a wide range of applications. 

Manufacturers often proV1de data for the noise i:,,,.11,,,.r~,t,..n by their diffusers and 
typically these are boiled down to a smgle Ne rating for the diffuser at a particular 
flow. Be careful in applying manufacturers' data because they are generated under 
ideal flow conditions and often mclude very favorable room effects so that the 
reported n01se levels are as favorable as possible. Also, they typ1cally are reported 
for one diffuser or for a short section of a linear diffuser where the application 
may have many more such elements contributmg to the noise level at a receiver 
location. It 1s necessary to account for the sum of the noise that is generated 
by multiple diffusers/grilles which reach me receiver as well as to make other 
adjustinents to correct me assumpt1ons in the presented data to match me actual 
conditions of a proJect. It is also essential to make adjustments to the ideal flow 
condition used as the basis for the data to get to the actual applied flow condition. 
For espec1ally quiet spaces, use of the velocity guidelines may be a preferable 
approach for establishing the selection parameters for the diffusers and grilles. 

The noise produced by darnpers needs to be assessed separately from diffuser 
and noise, but having two flow turbulence-producmg devices closely spaced 
in series may add to the noise each dev1ce produces by itself. 

Displacement ventilation systems whlch deliver air to the occupied zone 
through diffusers at the floor can often be very quiet. This is largely because 
air is introduced to the space in small quantities at any one location and the 
flow velocity at the diffuser needs to be particularly low for comfort reasons. 
The result can be a system w1th little diffuser-generated noise and this can be a 
favorable design approach for spaces that need to be very quiet. 

17.5 NOISE BREAKOUT/BREAK-IN 

When ducts containing high levels of noise pass though spaces with low or 
moderate noise goals, lt is necessary to cons1der whether the n01se that transmits 
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out through the surface of the sheet metal duct (called the breakout noise) is 
suitably controlled. Similarly, when a duct in which the sound field ins1de has 
been quieted passes near a noisy piece of mechanical eqmpment prior to pen­
etrating the mechamcal room wall, noise may break mto the duct and travel 
down the duct to a receiving space of concem. To ID1nimize concern for noise 
breakout/break-in, it is usually best to position the high-msertion-loss elements 
m the duct system (the silencer) at or very near the penetration of the mechanical 
room boundary. However, it is not always possible to achieve this goal along 
with the goal of achieving good aerodynamics for the application of the silencer. 
Special elbow ( or other configuratmn) silencers can help achieve the goal of 
the desired position of the silencer for breakout/break-in cons1derations while 
avoiding poor flow. This is a very good use of special silencers. 

The noise that breaks out of and mto ducts can be predicted using Eqs. (17.7) 
and ( 17 .8), respectively: 

Lw(out) = Lw(in) TLout + 10 log ( ~) - C 

Lw(in) = Lw(out) - TLm - 3 

(17.7) 

(17.8) 

where Lw(our) = sound power level of sound radiated from outs1de surface of 

Lw(in) 

s 
A 

duct walls, dB 
sound power level ot.sgund inside duct, dB 
surface area of outside sound-radiating surface of duct, in.2 

cross-sectional area of inside of duct, in. 2 

TLout = duct breakout transmission loss, dB 
C = correct10n factor as follows for values of 

L'l = TLout 10 log(S/A) 

I":,. C 
> +10 0 

+8 to +s 1 
+4 to +2 2 
+1 to -1 3 
-2 to -3 4 

-4 5 
-5 6 
-6 7 
-7 8 
-8 9 

<-9 -~ 
Note: These breakout and break-m equations should not be used where A < 

-10. Also, where L'l 1s a negative number, the precision of.the result is question­
able. The value of L'l tends to go negative with relatively long duct sections. This 
approach does not take into account any dissipative attenuauon along the duct 
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path, but at the low frequencies pnnc1pally of concern for breakout and break-m 
issues, dissipative attenuat1on is usually small along the duct path m the length 
of duct sections for which the approach should be used. 

The n01se breakout formula can further lead to prediction of the sound pressure 
level m a rece1ving space by applying an appropriate room effect and including 
the sound isolation of any mtervening constructien. The noise break-m equation 
will deterrnine the sound power that can then be used as a source level and the 
propagation of this noise can be traced along the duct system. Treatments for 
noise breakout/break-in typ1cally include increa~mg the surface weight of the 
duct construction, stiffening the duct, applying a flexible mass bamer material 
on resilient back.mg (such as a glass fiber mat or foam), or enclosing the duct 
m gypsum board using a variety of possible details. Prediction of the insert10n 
loss achieved by vanous types of wrappings is given in Chapter 13. The further 
the enclosing mass layer is from the duct surface and the heavier the enclosure 
matenal, the better this will control low-frequency sound, which 1s most typ-
1cally the concern. Circular ducts are inherently stiffer than rectangular ducts 
made of fiat metal sheets, and for this reason, distribution systems usmg cir­
cular ducts are often less prone to breakout/break-in noise problems. Note that 
there is a particular concem for break.out/break-in noise when glass fiber panel 
or other acoustically transparent ceilings are used in occupied spaces in build­
ings. Where there is a solid gypsum board ceiling, breakout noise 1s naturally 
less of a concern than where there is a conventional minerai fiber acoustical 
ceiling. 

Ducts that drop out of the bottom of rooftop arr-handling units into the ceiling 
plenums above occupied spaces are a classic case where duct breakout noise 1s 
a problem, and this typically 1s worst when the supply duct discharges directly 
down into the ducts rather than into a plenum within the unit. Elbow silencers 
with high-transmiss10n-loss casings can be a convenient method of addressing 
th1s problem. If a straight silencer is used and is located well away from the 
elbow that turns in the ceiling space, there can be a significant arnount of duct 
wall which can radiate noise to the occup1ed space and may need to be treated. 
This is discussed further under the rooftop umt section (Section 17.10). Most of 
the duct enclosure treatments to address this concem are very difficult to mstall, 
especially when there is lirruted space and the building is fimshed. Whenever 
possible, designs should be developed which avoid the need for this sort of 
treatment. 

17.6 FANS 

Fans are typically the major source of n01se emission into duct systems. The 
various fan types have differing noise spectrum and magmtude charactenstics 
and this is also a function of the duty. Certain fans are aerodynamically better 
smted for particular flow and pressure applications. This needs to be considered 
for the full operating range of the application. Many older references, such as 
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older edit:tons of the ASHRAE handbooks, include generic methods to predict 
the n01se generated by fans, and such sources can prov1de useful guidance m the 
absence of more specific data from the manufacturer for the fans that are planned. 
If such data are used, remember that, due to changes in manufacturing methods, 
modern fans may not be made the same way as the fans used as the basis for the 
genenc prediction methodology. Often new fans are made more econornically 
and produce more noise that older fans. It is best to obtain the noise data for the 
fan from the prospective manufacturer, tested m accordance with the most current 
applicable standards. These data should be used as a guide m the selection of 
the fan and as a pomt of companson between candidate fans for an applicat10n. 
In addition, the quietest of the reasonable fans should be selected for a given 
application. Such a process should help avoid selecting a particularly noisy fan, 
which could lead to unexpected noise problems or noise control treatment which 
could unduly burden the system. 

The manufacturer's noise emission data for fans are based on a standard 
test which may or may not closely match the conditions of a particular field 

Note 1 

Flex connecter 

Optimum 

Fair Bad 

Notes: 

~~;_:::~ Note 3 
' ,, 

Note4 ..:...,_t 

Very good 

Bad 

Good 

A 
.L 

1. Slopes of 1 in 7 preferred. S!opes of 1 ln 4 permitted below 200 fpm. 
2. Dimension A should be at least 1.5 limes B, where Bis the larges! discharge duel dimension. 
3. Rugged turning vanes should extend the full radius of the elbow. 
4. Minimum 6-in, radius required. 

FIGURE 17.3 Vanous outlet configurat10ns for centrifugai fans and their possible rum­
ble conditions. Source: 1999 ASHRAE Applications Handbook, © Amencan Society of 
Heatmg, Refrigerating and Air Conditlonmg Engmeers, Inc., www.ashrae.org. 
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applicat10n. The noise radiated by the fan into the duct will vary with the paruc­
ular acoustical impedance of the connected ductwork. Consequently, the actual 
sound power of the fan that is emitted mto a duct system may differ from the 
manufacturer' s data. 

Particular care should be g1ven to the inlet and outlet flow conditions for fans. 
Poor mlet fiow can unbalance the flow over a fan wheel, causing performance 
problems and excess n01se generation at the anticipated speed for the application. 
The fan speed may need to be increased to compensaté for unexpected pressure 
losses and thus generate more noise than expected. Inlet vanes or substantial :flow 
distortion due to flexible connections protruding mto the flow can easily cause 
an mcrease of noise on the order of 6 dB across the full frequency spectrum. 
The local airflow velocities on the discharge of fans can be qmte high in some 
reg10ns and probably will not be uniform over the outlet area. This needs to be 
taken mto account m the system design and arrangement. It 1s often not possible 
to create ideal flow conditions,. but 1t is important to create at least reasonable 
flow conditions and to avo1d poor flow conditions which can create severe nmse 
problems. Figure 17.3 illustrates some favorable fan discharge conditions as well 
as conditions that need to be avoided. It is always necessary to consider the flow 
arrangement on the discharge of a fan or air-handling unit to be sure that the duct 
and fan geometry work together as well as possible for the condition and, most 
essentially, to avoid poor conditions. Poor flow conditions at the fans can lead to 
low-frequency noise generation, either by the fan or due to large-scale turbulence 
in the ductwork which will drum the duct walls, causmg a low-frequency nmse 
problem that can be very difficult to solve. 

17.7 TERMINAL BOXESNALVES 

Many HVAC systems servmg buildings mclude a variety of terminal boxes or 
valves to control the amount of filr delivered to the occupied zone. Sorne boxes 
are used to vary the airflow to the room m accordance with thermal load. Others 
prov1de a constant amount of flow to assure ventilation rates and control zone 
pressurization. Sorne boxes incorporate fans to mix plenum arr with a variable 
amount of ma:m system arr to ma:mtain a minimum amount of air movement 
while delivering vanable heating/cooling. All of these boxes and valves have in 
common that they produce a pressure drop from the higher pressure in the mam 
duct system to a low pressure in the final distribution ductwork on the room 
s1de of the box. In throttling the pressure from the main to the final distribution 
ductwork, noise is generated and this norne needs to be cons1dered m the design 
to meet desrrable noise levels m the occupied spaces. The greater the arrflow 
quantity through the box, the greater the noise that is generated. However, the 
most s1gnificant factor is that the n01se boxes generate is a strong function of the 
pressure drop across the valve. Boxes on a system that are near the fans naturally 
see a higher pressure in the main duct than boxes near the ends of the system, 
and boxes close to the beginning of the system will generate more noise than 
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comparable boxes located toward the end of the system. Excess static pressure m 
the mam ducts eau be a significant factor m noisy systems as the terminal boxes 
in the system are throttling hard (have large pressure differential across them) to 
control the excess pressure. 

The manufacturers of terminal boxes generally provide noise data for therr 
boxes rated at varions flow rates aud pressure losses, and these data can be used 
for n01se analysis of the ducted system Just as fan nmse propagation down the 
ducts is done. In such an analysis, the pressure loss that 1s of interest in deter­
rrunmg the noise of the box 1s the actual pressure drop that the box 1s expected 
u:; produce m the field, not the minimum pressure at which the box will satis­
factorily control flow or some arbitrary pressure loss that 1s assigned. Because 
of airflow control considerations, the boxes m many applications have inlet flow 
conditions that are reasonably close to the 1deal flow condition under which the 
tenmnal box is tested for flow and noise. However, if there are adverse flow 
conditions, the n01se generated by the boxes may be hlgher thau the manufac­
turer' s rating. 

Noise radiation from the casmgs of the boxes can also impact the occup1ed 
spaces near them, and to enable assessment of thls, manufacturers also publish 
casing radiated n01se data. For fan-power boxes, these data include the noise that 
radiates from the fan out of the plenum air inlet and thls can be a significant 
issue. In some cases it 1s necessary to provide attenuatlon for the plenum air 
mlet to the box. Most moderate-size t.e.nwnal boxes operating at nommai pres­
sures can be located in the ceilings of occupied spaces where the noise goal is 
NC-35 or hlgher when there is a conventional rmneral fiber ceiling. Where boxes 
are in the ceilings of spaces with no1Se goals more stnngent than NC-35, where 
system pressures are anticipated to be high, and/or where ceilings with lower 
transmission loss are used, special cons1deration should be given to the issue of 
casing radiated noise. In particular, be cautlous of exposed box applications or 
where glass fiber, perforated, or open-slat ceilings are used. 

The manufacturer' s noise data should be rev1ewed for verification, but typ­
ically the frequency band of concem for fiat-plate <lamper boxes is the 250-
Hz octave band; for pneumatic-style boxes, the 500-Hz octave band; and for 
plunger-style valves, the 1000-Hz octave band. The type of n01se control treat­
ments that are applied in the duct systems should ideally be selected to treat 
the particular noise spectrum that is expected based on the box/valve type that 
is used. 

For systems that utilize terminal boxes/valves 1t is usually a good 1dea to 
try to conceive the main duct system to be able to deliver the design airflow 
w1th the minimum overall pressure loss and the minimum differentlal in pressure 
arnvmg at the vanous boxes in the system. Consider gradually reducmg the flow 
res1stance in the main duct as the duct proceeds toward the end of the run and 
the magmtude of arr being handled 1s reduced. The overall velocity in the duct 
system is often a significant factor determining the pressure drop from begmning 
to end, and the design velocities should be as low as reasonably possible. Use 
aerodynamically favorable fittings. Try to av01d particularly long duct runs by 
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using more vertical shafts m the building to minimize the length of duct runs 
on the floors served. Where it 1s possible and acceptable to create ring ducts fed 
from both ends to serve the floor plate of a building, thls can favorably reduce 
the pressure that is needed in the system. Consideration of these design features 
can help avoid n01se problems and/or rmmrmze the magmtutle of attenuatlon 
treatments that are needed. 

Always be sure that the final setup and balancing have the system operatmg 
at the lowest pressure that is consistent w1th delivering design airflow. Thls 
includes sure that the system pressure caunot be further lowered w1thout 
jeopardizing the reqmred flow at the extremes of the duct system and making 
sure that the fan is operating at the lowest speed that will deliver design flow. If 
there are inlet vanes on the fan to control capacity, they should be nearly fully 
open when the system is demanding full design flow. The inlet vanes should 
not be constricting the airflow when the démand 1s full; if they are, the fan can 
probably be slowed, which should reduce no1se ermssion. 

17.8 MECHANICAL PLANT ROOM SOUND ISOLATION 
AND NOISE CONTROL 

Good space planning 1s the best way to avo1d sound isolation and n01se prob­
lems at mechanical rooms. Avoid a common wall with a noise-sensitive space 
that would require a substantial and expensive wall construction. Very high sound 
isolation walls typically requrre discontinues m or spec1al protection of the flank­
ing structural paths; such treatments can be cumbersome and expens1ve. Havmg 
a common wall also mvites penetration of that wall w1th ducts and p1pes. Since 
creating a sufficiently tight seal around a single wall that is penetrated can often 
be difficult and risky, these should be avoided. Creating a buffer zone ofless cnt-
1cal space between a mechanical room and noise-sensitive space allows simpler 
and less costly constructions to provide the desired isolation, and this minimizes 
the nsk of noise leak:s at penetratlons. It is good practice to posit10n part1cularly 
n01sy eqmpment m mechanical rooms away from critical sound-1solatmg walls 
to av01d exposure of critical constructions to unnecessarily h1gh levels of n01se. 
Especially av01d locating eqmpment extremely close to walls where the sound 
has no opportumty to lose intensity owing to spreading lasses. 

Building construct10ns that provide a good deal of sound isolation can be 
constructed well, but there is always a door into the space, whlch 1s a weak: sound 
isolation condit10n, and the location of doors needs special planning. Certamly 
1t is necessary to avoid doors to mechanical rooms directly from noise-sensitive 
rooms. To the extent that it is possible to naturally create a double-door entrance 
vestibule ("noise-Iock") to the mechanical room, such as by accessmg the room 
off of a back-of-the-bouse corridor that is separated w1th another door from more 
public space, thls 1s a good idea • smce good isolation can be reliably achleved 
with ordinary door construction. 

Mechanical plant rooms often contam equipment which radiate relatively hlgh 
levels of low-frequency noise, and it is necessary to have heavy constructions, 
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such as masonry walls, surrounding the room. Lighter construcuons such as 
gypsum board on stud can be used, but double-wall constructions with a sub­
stantial air space between the two sides of the wall will likely be required. Hence, 
light weight wall construction alternatives may take up more floor space. To the 
extent that there 1s auxiliary equipment associated with the main plant equipment 
that is wall mounted, it is often wise to have a double-wall constructwn so that 
minor vibration and structure-borne n01se that might get coupled to the inner 
wall of the mechanical room will not get strongly transID1tted to the side of the 
wall construction in the occupied space that is to be protected. 

Creating an arr-tight seal, as is always necessary for sound isolation, at the 
heads of walls can be part1cularly problematic. Necessary firestoppmg can be 
achieved for walls with fibrous packmg and coaung with mtumescent mate­
nal, but this 1s not a suitable seal for sound control purposes where the basic 
construction needs to close w1thin a typical caulk jomt of the abutting construc­
tion. Closing concrete block construction to the underside of fluted metal deck 
and beams can be very difficult. It is also difficult to create a seal when con­
crete block cornes up under roof constructions that are sloped for drarnage or 
need to accommodate structural deflection. The seals that are needed under these 
conditions need to be considered early m the design, and practical methods to 
accomplish the necessary seal m the field need to be detailed. 

Floating concrete floors are sometimes required to separate mechanical spaces 
from noise-sens1t1ve spaces that are ab.(;ve or below the mechanical room. Pre­
dicuon of the insertion loss of floating fl1>ors is proVIded in Chapter 11. These 
constructions cons1st of a concrete slab (typically 4 m. thick) which is supported 
above the structural floor on resilient mounts. Systems to accomplish this are 
available from the various isolation product vendors. These constructions can 
and do provide effective control of sound transmission through floors, but they 
take up space that needs to be allocated from the start. They also require careful 
coordination and implementation m the field in order to function as planned. 
Floating floors are not generally des1gned as part of a vibration isolation scheme 
for plant equipment; their primary use 1s for airbome sound isolation. Concen­
trated loads such as from eqmpment can be accommodated on floated floors w1th 
appropnate planning and design of the floated floor, but 1t can also be acceptable 
to have such loads supported on small structural p1ers (housekeeping pedestals) 
that penetrate through the floated floor. To avoid a sound isolation concem at 
support points that penetrate the floors, these need to be kept as small as practical 
and typ1cally complete housekeeping pads are not used. The sizes and posit10ns of 
support piers need to be carefully coordinated in the field. Rather than use floatmg 
floors to prov1de h1gh-level sound isolation to spaces above or below mechamcal 
rooms, it is sometnnes necessary to have spec1al sound-isolatmg ceilings above 
or below the mechanical spaces. These can be complex to nnplement and require 
special coordination of the building services to av01d or rninimize penetrations 
for supports through the ceiling. The ummg of construction of the ceiling relative 
to installation of the building services needs forethought smce it typ1cally cannot 
follow the usual sequence. 
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Technical aspects of isolation of vibration sources are treated in detail m 
Chapter 13. This section will prov1de some practical guidance regarding the 
applicat10n of vibration isolauon systems and devices to building mechamcal 
systems. 

Numerous references, such, as the sound and vibration control chapters of 
the ASHRAE Applications Handbook, 1 and vibration isolat10n equipment ven­
dors provide guidance regarding the application of isolation dev1ces for building 
equipment, and the reader is referred to such sources for specific isolation selec­
tions based on the type of eqmpment, the speed of the equipment, the location 
in the building, and the sensitivity of the application. For application to build­
mg equipment, the selection of vibration isolators is reduced to identifying the 
deflection of the isolat10n element under the static load. The deflection of the 
1solator under load is related to the natural frequency (the frequency at which 
resonance occurs) of the isolation system by the equation 

( 
1 )0.5 

ln= 3.13 d (17.9) 

where ln isolator natural (resonance) frequency, Hz 
d = isolator deflection, m. 

Generally, to prov1de effective isolation, the natural frequency of the isolation 
system needs to be no more than 0.30-0.10 times the drive frequency (RPM/60) 
of the equipment. At ratios greater than 0.30 isolation efficiency will be ffilmmal, 
and at a ratio of 0.70 there 1s theoretically no isolation at all. Clearly, it is 
necessary to avoid having the equipment operate at or near the natural frequency 
of the equipment. There is generally little point in an isolation system that has 
a ratio of isolation system natural frequency to eqmpment drive speed smaller 
than 0.10 since little additional effectiveness is gamed for practical installations 
and the stability of the equipment on the isolanon system can be marginal. 

Many pieces or eqmpment are eqmpped with variable-speed drives and, m 
this case, it is generally appropnate to select the isolation system for the normal 
full speed of the eqmpment. As the equipment slows down and operates closer 
to the natural frequency of the isolation system, the isolation system will provide 
less isolation effic1ency, but fortunately, the magnitude of the machine vibration 
force will be reduced at approximately the same rate. So, there are generally 
no problems wlth this. The natural frequency of the isolator should typically be 
no more than about half of the lowest operatmg frequency of the eqmpment to 
prevent operation too close to resonance, but for more difficult applications, this 
nught be as high as 0.7. If 1t 1s not feasible to select large deflection spnngs, 
sometimes it is necessary to linut the operating range of the equipment to avoid 
operating too close to the isolation system natural frequency. This possibility 
should be considered early m the design. In some cases it ID1ght be worthwhile to 
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JUdiciously mcrease the deflection of the springs to lower the natural frequency 
to avoid impacting equipment operation and efficiency. However, an isolation 
system should not be so flexible that it creates instability or operational problems 
such as wlth alignment or stress transfer. 

Inertia bases are used with many pieces of equipment to lower the center 
of gravity and to reduce the vibratory movement of the equipment when it is 
resiliently supported. Movement due to starting torque, resistance to forces cre­
ated by the static pressure a fan develops, and turbulent flow m large fan systems 
are also reasons such bases are recommended for eqmpment. The mertia bases 
only reduce the motion of the eqmpment on the isolation system. They do not 
change the inherent unbalanced forces of the eqmpment, even though the mag­
mtude of vibratory movement of the eqmpment on the base will be lower. The 
vibratory displacement of the base and that of the equipment rigid1y mounted 
on it will be lower because the mass that the forces are now acting on is the 
combmed mass of the eqmpment and the inertia base compared with the mass 
of the equipment alone. Note that the mertia base does not change the vibration 
forces that are transmitted to the building assuming that the deflection of the iso­
lation system remams the same. This is because, for the same static deflection, 
the springs need to be stiffer to support the additional weight of the equipment 
plus its inertia base. 

In theory, the weight of the inertia base would be determmed by the desired 
reduction of the magnitude of the vibratory movement, but the magnitude of the 
motion of the equipment is not well kiio'\vn, so it is difficult to tell what mass 
ratio to use. In practice, the weight of the mertia base for building mechamcal 
equipment is often determmed by the weight of concrete fill in a steel frame that 
approximates the rectangular outline of the equipment footprint (with allowance 
for fastemng), and the depth is determined by the need to make the base smtably 
stiff. The depth of the base is often related to the length of the base and is typically 
about fô to TI the longest dimension. Expenence mdicates that for many pieces 
of mechanical eqmpment, the base weight that results from this methodology is 
sufficient to control excessive movement and prevent undue forces from being 
transmitted to connected pipes and appurtenances. 

Spnng isolators most typically are manufactured to achieve rated deflections 
of approximately 1, 2, 3, and 4 m. This means that when the full design load for 
the spring is applied, the spring will approximately deflect this rated distance, and 
at this condit10n, the spnng will also achieve other desirable design features such 
as for lateral stability, horizontal stiffness, and deflect10n reserve to bottommg 
out. The rated deflection has nothing to do with the deflect10n actually achieved 
in the field under the actual eqmpment load applied. For example, a spnng that 
has a rated deflection of 1 m. for a 1000-lb load will only deflect 0.10 in. if it 
is supporting 100 lb. The only thing that is important m terms of the isolation 
efficiency of the mounting is the actual static deflection that results under the 
applied load and, m the case of this example, the natural frequency would be 
detennmed by 0.1 m. deflection. Isolation devices need to be properly selected 
to achieve the desrred rmmmum static deflection and hence the desired isolation 
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efficiency. Underloading an isolator can result m achievmg less than the desired 
isolation efficiency and overloading can cauêe the spring to collapse (bottom 
out) so that it provides no isolation at all. If a,spring is specified to achieve 1 in. 
rmmnrnm deflection under load, there is only one load that will exactly satisfy 
the reqmrement if a spnng is selected from a 1-in. rated series of springs, and 
that is the maximum load that the mount can support; lower loads will achieve 
less than 1 in. deflection and will not meet the requrred rmmmum deflection, 
and greater loads will overload the spring. To achleve the requrred mimmum 
deflection in this case, a 2-m. rated deflection spnng would need to be used 
so that as long as it is loaded between half and full load, it will achleve the 
required minimum deflection. This can cause unnecessary expense for isolators 
that have substantially more capacity than needed. To clarify the performance 
desired and to avmd unnecessarily costly springs, it is often better to specify 
spring deflections of 0.75, 1.5, 2.5, and 3.5 m., as expected from 1,2, 3, and 4-m. 
rated static deflection spnngs, respectively, so that there is a reasonable selection 
range available. 

For applications where the weight of the isolated eqmpment may vary sub­
stantially from time to time, such as for a cooling tower or chiller if the water is 
drained for maintenance, the isolation devices that are used need to incorporate 
some method to restrain the upward movement of the equipment as the weight is 
removed because thls can put excessive stress on connectmg pipes. Eqmpment 
that is located outdoors may be exposed to wmd and exhibit lateral movement 
which needs to be restramed. Special travel-lirmted isolators have been devel­
oped for this application which will snub the movement of the eqmpment under 
such conditions, typically at about 1/4 m. 

Many pieces of equipment need to be specially restrained to avoid damage to 
the eqmpment or the building if a seismic event occurs. This applies to many 
pieces of eqmpment, whether resiliently mounted or not, but clearly, eqmpment 
that is resiliently supported could easily fall off its mounts if there is a seismic 
event. Seismic restraint of equipment is an entirely separate issue from vibra­
tion isolation; it is essentially a structural issue. Isolation and seismic restramt 
become related because so many pieces of eqmpment that are resiliently sup­
ported need restramt. There are seisrmc restramts available from vendors which 
are completely separate devices from vibration isolators. In some cases it is con­
vement to mcorporate seismic restramt mto the isolators, and products that do 
this are available from vibration isolat10n vendors, but it may not be necessary to 
use combmat10n devices. Where the equipment has no other pomt of attachment 
but the mounting pomts at whlch suitable support and restramt can be achieved, 
a combination device is necessary. lt is essential that the seismic restraint not 
compromise the performance of the vibration isolat10n system, and this is not an 
easy task considenng the relatively tight installation tolerances that are required 
for both seisrmc restraints and vibration isolators. Often isolators with combined 
seismic restramt can help achieve the desrred level of mstallation more reliably, 
and this is another benefit that such devices provide. 
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Electrical connections to vibration 1solated eqmpment need to be made flex­
ible to av01d creatmg a problematic vibration transmission path to the building 
structure. These are typically made with e1ther a section of flexible conduit or a 
special flexible electrical coupling. For small-size equipment and conduits, prac­
tical lengths of flexible conduit are effective and suffic1ent. As the size of the 
equipment and the connectmg conduit increase, the flexibility of these systems 
may diminish and it may be necessary to use special flexible electrical couplings. 
The flexible connections should be installed in whatever manner creates a slack 
condition. 

Pipmg that connects to isolated eqmpment also needs to avmd creatmg a 
vibration transmission path to the building. There are flexible pipe connections 
available for many applicauons, but because vibration can travel through the fluid 
in the pipes (which is often highly mcompressible), vibratory energy is often not 
stopped sufficiently by them. Such connections are best used (or not) based on 
considerations other than vibration control (e.g., thermal expans1on/contraction 
or alignment). To control vibration transfillssion to the building via pipes, 1t is 
usually necessary to resiliently support the pipes for some prescribed extent, but 
that extent is not easy to describe and could vary substantially from proJect to 
project. Many schemes have been devised to describe the scope of pipe isolation 
m buildings, such as a prescribed length of pipe or a certain multiple of the 
pipe ma1nerler and this is somewhat dependent on the designer's philosophical 
approach. The fixed length of pipe isolation from a vibration source approach 
does not account for variations of pipe"Ktiffness based on size. Clearly, a 1-in. 
pipe for a particular duty is much more flexible over a given distance than a 12-
in. pipe for a siruilar duty. Prescribmg the length of isolation in pipe diameters 
partly addresses this issue, but this approach can be difficult to work wlth in the 
field. In practice, there needs to be some compromise between a practical scheme 
that can be implemented m the field, a system that makes sense economically, 
and a scheme which will provide the isolation that is needed for the size of pipes 
and the vibration sources involved. There are many possible approaches to this 
specification depending upon what is work:able and cost effective. There may be 
a scheme that is appropriate for many applications, but this should be 
carefully considered for each project before finalizmg the scheme. The designer 
should keep in Dllnd that a resilient connection between a pipe and the building 
structure provides a reduction of the vibratory force only if the local impedance 
of the supportlng structure is high compared to the impedance of the rnolatlon 
device. Little rsolation will be gamed if a moderately stiff isolator like a neoprene 
pad is used to resiliently support a pipe :from a lightweight and flexible gypsum 
board on stud wall. 

Classic vibration isolation theory assumes that 1solators sit on supports that 
are mfinitely stiff and massive. This is reasonably the case for,support conditions 
at slab-on-grade floors, but this may not be the case for support conditions at all 
structures above grade. Most isolation application guides take this mto account 
and prov1de recommendations for a variety of less than perfect support conditions 
such as on above-grade structures. The implications of structural flexibility on 
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vibration isolation for most above-grade support conditions are rather modest 
where the structure is reasonably massive (such as a concrete floor) and is su1tably 
strong to support mechanical service equiprnent. This accommodation mvolves 
only slightly softer 1solators than would be used on grade, but the isolat~rs are 
still withm the range of conventional products that are econoIUically available. 
When the supporting structure is particularly lightwe1ght, such as wood frame 
construction or a simple metal deck roof, spec1al attention needs to be given to the 
support condition, and lt may be neces,?ary to create spec1al load transfer schernes 
to transfer the load to more substantial points of structure such as columns. 

17.10 ROOFTOP AIR CONDITIONING UNITS 

Many HVAC systems employ a variety of types of packaged rooftop air 
conditiorung umts with crrculating fan' systems and sometlmes w1th mtegral 
compressor/condenser sections. Because such equipment is often noisy and 
typically supported on a lightwe1ght structure directly above occupi~d spa~e'. th1s 
equiprnent 1s one of the most common sources of n01se problerns m buüdmgs. 
Because of space limitations and the magnitude and frequency of excess n01se 
that results, problems w1th this equipment are often very difficult and 
to address, espec1ally once the equipment is installed. Sometlmes 1t 1s not 
practical and economically feasible to fully resolve the problems presented by 
this eqmpment at the lilltially chosen location and rnaJor . system changes are 
needed. The best way to address noise from this equipment is to have lt installed 
at the outset according to a well-conceived nmse and vibration control scheme. 
The necessary installation features to control noise and vibration may be new 
and unusual to some installers, and it is wise to take the extra steps to clearly 
document all the necessary details so they can be properly 1mplemented. 

The roof construction needs to extend fully under the eqmpment and needs to 

close tightly around any penetrating elernents such as pipes and ducts. The roof 
construct10n needs to be appropriate to control airbome sound transm1ss10n to the 
occupied space, including sound that might transmit both through the roof deck 
directly U11der the Ulllt and off to the side of the unit (for some distance from 
the unit). If concrete is used in the roof deck, this is very good and can help to 
address, in a simple manner, both airbome noise and vibration isolation 1Ssues. 
Concrete is not always necessary and lighter we1ght sound isolation alternatives 
can be conce1ved, but they may be unfamiliar to some installers. 

Having the supply fan =v~::.t,,':!,:;,~:::::,., directly down into the supply duct entermg 
the ceiling of an occupied space is often a problem and . does not allow easy 
opportumties to mcorporate silencing de vices. If possible, it is us~ally much better 
to have the fan discharge horizontally w1thin the umt, mto a discharge plenum 
(also m the umt), before the air 1s delivered to the duct system. The discharge 
plenum presents an opportunity to incorporate sound attenuation treat1nent before 
the air stream enters the duct in the ceiling of the occupied space. In some cases 
it is acceptable to run the ductwork across the roof before penetrating the roof, 
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and tlùs is always a favorable noise control approach smce it allows space for 
turbulent airflow to smooth out, allows room for substantial silencing treatments 
before the ductwork gets into the ceiling of the occupied space, avoids what 
are often poor duct flow geometnes at the fan discharge which occur when the 
duct drops directly out of the bottom of the unit, and allows low-frequency fan 
and duct rumble n01se in the mitial duct sections to diss1pate outdoors rather 
than radiate in the ceiling of occupied space. However, such ducts may present 
practical and aesthetic design issues. The return/relief arr path associated with 
rooftop uruts can present similar issues as discussed for the supply air path, but 
typically conditions at the return are not as severe because the flow conditions 
are not as bad and there is less fan noise. Similar noise control treatments might 
be considered for the return as for the supply, 

Be sure that the duct geometry on the discharge of the supply fan is as rea­
sonably advantageous as possible and avoid poor geometnes as discussed above, 

Silencers are often needed in the supply and return ducts and th1s attenuation 
should ideally happen before the ducts enter the occupied space, but if the duct­
work from the unit drops directly into the ceiling and then has to turn mto the 
honzontal ceiling plane, there is no aerodynarnically approprtate location to put 
the silencer close to the unit discharge. Often, an elbow silencer can work well 
for these applicat10ns. When the silencer is moved away from the roof penetra­
tion, it is often necessary to encase the. ductwork between the roof penetration 
and the silencer in a special noise barqrr construction. The silencers for these 
applications also often need to have spec1al high-transrniss10n-loss casmgs or 
be encased along with the adjacent ductwork. All of these details ar~ awkward, 
expensive, and difficult to construct w1thin the limited ceiling space that typically 
exists. Sometinies, special curbs are created under the units to allow the return 
air to flow back to the uruts withm the curb space, such as shown in Figure 17 A. 
With approprtate design and detailing, this can facilitate very good and practical 
ways to incorporate noise control treatments for both the supply and return paths. 

Vibration isolation of packaged rooftop HVAC equipment can present prob­
lems, but this most often results when the units have integral compressor/con­
denser sections, When the unit just has basic supply and return/relief fans m 
the cabinet, vibration isolation can usually be satisfactorily accomplished with 
conventional, smtably soft, spnng isolation for the fans withl.n the unit. In this 
case, such units can extemally be rigidly supported to the building m whatever 
manner is des1red based on other considerations. When a unit has a compres­
sor/condenser sect10n, there is a concem for vibration isolation even thoug4 the 
compressor may be "intemally" isolated. This 1s because the refrigerant piping 
w1thin the urut is typically not adequately mtemally isolated, allowing vibration 
transmission to the· eqwpment casmg and hence to the building. In this case it 
1s necessary to extemally vibration isolate the entire urut with a sprtng isolation 
system. This is done in e1ther of two ways, depending upon how the unit is 
intended to be supported and how the building designer plans to transfer the load 
to the building structure. There are special curb isolation devices available for 
equipment that requ1res curb support and closure of the space below the unit, 
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FIGURE 17.4 Rooftop umt with curb plenum return air. RA return arr, SA= supply 
a:tr. 

and some of these products can accommodate the aforementioned m-curb return 
airflow path scheme. If the load is to be transferred to the roof via a structural 
system raised above the roof, then point isolators are used. If the unit is intended 
for curb support but is raised above the roof m this manner, it may be necessary 
to mockup a structural curb for the umt to transfer its load to the point 1solators. 

17.11 OUTDOOR NOISE EMISSIONS 

Many local authorities have noise regulations to control noise impact on neigh­
bormg properties and generally throughout the community. These need to be 
uncovered as part of the code searches at the outset of a building pro3ect so 
that they can be addressed in the mecharucal system concept for the building. 
Typically, e1ther fixed n01se lirrnts for specific receivers are established or the 
allowable noise level 1s based on the existing ambient noise level m the impacted 
area. If the noise requrrement 1s based on the existing ambient noise condition, 
the existing n01se has to be measured. Where ne1ghbors are close by, require­
ments are stringent, and/or the rece1vers look down on the noise sources, meeting 
the noise requrrements can be quite challengmg. 

Many pieces of equipment that are particularly economical (such as many 
air-cooled dev1ces) are quite n01sy and may not easily conform to noise regu­
latlons. Fortunately, equipment and mechanical schemes that produce less noise 
are often available, and, although they may be more expens1ve at the outset, they 
often prov1de some energy payback in the long run. Quieting the n01se at the 
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source 1s almost always the best approach to controlling outdoor noise ennssions. 
Evaporative cooling eqmpment is usually quieter than air-cooled equipment. 
Equipment mcorporating centrifugal fans is usually much quieter for a given 
duty than comparable equiprnent with propeller fans. Propeller fans can be qui­
eted by using larger and/or slower movmg fan blades. even if more fans are 
required for the duty. There are several degrees of propeller blade technology 
available (particularly for moderate to larger blade size applications) which can 
provide worthwhile noise reduction at an affordable cost. Typically, propeller· 
blade noise reduction 1s achieved by havmg more aerodynamically efficient blades 
with w1der chords so that they move more arr with each rotation and can move 
a g1ven quantity of arr w1th lower fan speeds. Sorne equipment can be equipped 
w1th vanable-speed drives so that when the demand on the equipment is low, 
the equipment (typ1cally fans) can operate more slowly and therefore with lower 
noise emission levels. This is of course statistical noise reduction and will not 
produce noise reduction when full speed 1s reqmred. However, this is partic­
ularly useful for eqmpment such as cooling towers where the heat reJectlon 
requirements at night are lower than the design condition and 1t is easier to reject 
heat to the cooler nighttime environment. The noise reduction that results with 
variable-speed drives often works naturally with the typical diurnal noise cycle 
which has lower noise condit10ns at rught. It is best to avoid equipment which 
has a noise ennssion spectrnm that 1s parucularly tonal since many regulat10ns 
prohibit or more stnctly limit tonal souP._ds. Tonal sounds are typ1cally Judged to 
be more annoying than an equivalent level"hf broadband sound, so the likelihood 
of avoiding a noise complamt is better with broadband sources than with tonal 
sources. For a given level of satisfaction with the noise level achieved, a greater 
degree of noise control will need to be applied to tonal sources. 

Sometimes equipment cannot be purchased suitably quiet within practical or 
economical linnts, and it 1s necessary to apply noise control treatments. For 
many pieces of equipment and systems this can be reasonably and econonncally 
accomplished, such as with silencers or by building a noise barrier to block sound 
emissions rn a particular direction. However, some p1eces of equipment are not 
well suited to having noise control applied and treatments (such as barriers) can 
inhib1t airflow. For mstance, propeller fans produce dramatically lower airflow 
when working against even small degrees of extra pressure loss, and it is diffi­
cult to apply silencmg devices to such equipment without degrading mecharucal 
performance. Heat reJection equipment such as cooling towers and condensers 
need to avmd having the hot discharge air be recirculated back into the inlet 
l;)ecause this can reduce efficiency and lim1t the mechanical capacity of the umt. 
Providing high levels of noise control to such equipment is often not possible and 
alternate equipment selection may become essential. The ability to adapt noise 
control treatments to eqmpment, if required, is a factor that should be considered 
in selecting the basic equipment and meehanical scheme. For small amounts of 
excess n01se (typ1cally less than about 10 dBA) it may be possible to create a 
noise barrier w1th sound-attenuating louvers wh1ch can allow some airflow to 
help rmtigate the adverse airflow due to the barrier. 
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CHAPTER 18 

Active Contrai of Noise and Vibration 

RONALD COLEMAN AND PAUL J. REMINGTON 

BBN Technologies 
Cambridge, Massachusetts 

18.1 INTRODUCTION 

The term active noise and vibration control (ANVC) refers to systems that 
use externally powered actuators to generate sound and/or vibration to reduce 
responses caused by unwanted disturbances. These systems consist of a set of 
reference sensors that momtor the source and a set of control, or res1dual, sensors 
that monitor system response. In some cases (e.g., feedback control) the reference 
and control sensors are the same. The signals from these sensors are mputs to an 
electronic' controller, which filters the sensor s1gnals to generate dnve s1gnals for 
the actuators. In a well-designed system the actuators excite a structure and/or 
sound field m such a way as to mterfere w1th the di,s;turbance and reduce the 
unwanted noise and/or vibration. The advent of modern digital signal processmg 
hardware and software has allowed the controller in the system to be extremely 
flexible and even to adapt to changrng condit10ns. 

Whlle ANVC has become a powerful tool for the noise control engmeer, 1t 1s 

not a "silver bullet," and careful consideration must be given to passive mitiga­
tion approaches m any noise and vibration control problem. At low frequencies 
where the offending source consists of a small number of discrete frequenc1es 
and where the system to be controlled has only a small number of degrees of 
freedom, ANVC can be very cost effective. Passive treatments can also be uti­
lized successfully on tonal sources at low frequency, but because the acoustic and 
structural wavelengths can be very long, the weight and s1ze of the treatments 
must often be qwte large to be effective. 

Broadband sources of noise and vibration at high frequency, the other extreme, 
are often best controlled using passive techmques because many passive ap­
proaches are broadband in nature. In additrnn, because the acoustic and structural 
wavelengths in the system to be controlled are short, the treatments need not be 
large and heavy to be effective. On the other hand, active systems are usually 
less effective agamst broadband sources, and higher frequenc1es can place con­
s1derably higher demands on the controller hardware. 
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As the above discussion mdicates, AtWC can be effectively employed against 
narrow-band disturbances at low frequenc1es where the system to be controlled 
has a small number of degrees of freedom. The term degrees of freedom refers 
to the number of ways that the system to be controlled can respond. The number 
of modes contributing s1gnificantly to the response of a system is an example of 
the number of degrees of freedom. It 1s important m A.WC because, as will be 
discussed later, the number of degrees of freedom corresponds to the number of 
actuators needed to provide effective control. As the nurnber of input and output 
channels to the controller, the frequency range for control, and the performance 
goals mcrease, so do the risks associated w1th the stability, robustness. and costs 
of the resulting control system. In general, one wants to employ the system of 
rnirumum complexity to aclueve the design goals. In many cases the use of a 
hybnd system employmg both passive and active components 1s the best approach 
and the most likely to succeed. 

This chapter is designed to prov1de the practicing noise control engmeer w1th 
an overview of the technology currently employed in the application of ANVC. 
Enough detail 1s included in the hope of allowing readers to assess the applicabil­
lty of the technology to therr problem and to allow them to Jay out an approach 
to the solution of that problem appropnate for ANVC. We begm w1th a brief dis­
cussmn of some basic issues underlymg A.NvC technology, including conceptual 
overv1ews of several types of ANVC systems. Modem-day ANVC systems rely 
on digital signal processing technology, and the heart of digital signal processmg 
technology is, of course, the digital filtër. difhese are discussed in Section 18.3. 
The design of digital filters is a rich top1c that has seen many years of develop­
ment. Here we can only scratch the surface and hope to g1ve tlle reader some 
appreciation of the power of the technology. Sections 18.4 and 18.5 deal witll 
feedforward and feedback control architectures, respectively. The chapters com­
pare the two architectures, provide gu1delines for design of optimal controllers, 
including adaptation, and discuss system identification issues. For feedback a 
suboptimal heuristic design approach is also presented. The next section deals 
witll practical design considerations. The top1cs mclude the deterrnination of the 
number and location of actuators and sensors, selection of control architecture 
and hardware, performance simulations, and controller implementation and test­
mg. The final section provides a detailed discussion of three ANVC systems that 
have been successfully implemented. 

18.2 BASIC PRINCIPLES 

Placement and Selection of Control Sources/Actuators 

The basic concept behind active n01se control 1s illustrated m Fig. 18.1. There a 
loudspeaker has been placed a distance L from an unwanted source of sound. The 
mtent is to create sound from tlle control loudspeaker that will be out of phase 
with and will cancel the sound from the disturbance source. Ideally it would 
be desirable to control the sound radiat10n in all directions (global cancellation), 
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FIGl.'RE 18.l Disturbance source and control source. 
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and if the distance between the control source and disturbance source 1s srnall 
compared to a wavelength of sound, excellent global cancellatlon is possible. 
This cornes about because the phases of the sound fields surrounding the two 
sources are very nearly the same at every location. Consequently, if one source 
is out of phase with the, other two, the sound fields will cancel everywhere. On 
the other hand, if the separatrnn distance 1s large compared to a wavelength, the 
two sound .fields will have very different phases with tlle differences depending 
on location. As a result, the two sound fields will in some locations cancel and m 
others reinforce one anotller. Tlus is illustrated m 18.2, where the change in 
tlle sound radiation from the disturbance source 1s shown as a function of angle 0. 
For koL = 0.1 m the figure, where ko is the acoustical wavenumber and L the 
distance between the disturbance source and the control source, the change 1s a 
reduction of 20 dB or more for all angles. However, as tlle frequency mcreases 
and koL increases, the global reductions decrease. For example, m the figure; 
for koL I the reductions are limited to a small range of angles around ±90 
and for koL = 10 there 1s a 6-dB increase for most angles. The figure clearly 
shows tllat 1t is desirable to locate the control source as close as possible to 
the disturbance source. In some cases, however, when the phys1cal dimensions 
of the source are comparable to or larger than a wavelength at the frequencies 
of interest, the control source cannot be located close enough to the disturbing 
source. 18.3 shows the effect of source separation on the overall radiated 
acoustic power (the mtegral over all angles m Fig. 18.2). The figure shows that 
for separatlon distances greater than one-quarter of an acoustic wa:~length the 
total radiated power will actually increase. This 1s a fundamental !mutation on 
ANVC that can only be overcome through the use of addit10nal control sources. 
The use of multiple sources m a prototype system for controlling locomoüve 
exhaust noise is discussed in Section 18.7 under MIJvIO Feedforward Active 
Locomotive Exhaust Noise Control System wlth Passive Co1;1ponent. 

One of the earliest demonstrations of actîve noise control was carried out 
by Conover1 and Conover and Ringlee2 of General Electnc in the early 1950s 
to control the noise from a high-voltage transnuss10n line transformer. Using a 
single loudspeaker, he utilized tlle electncal line signal to drive the speaker and 
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FIGURE 18.3 Change m the overall radiated output power as a function of the separa­
tion between sources. 
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appropnately amplified and phase shifted the harrnorucs of the line frequency 
to achieve the desired control. Because the system was not adaptive, occas1onal 
manual adjustment was reqmred to correct for changes in sound propagation at 
the test site. ln addit10n, because of the large size of the transformer, even at the 
low frequenc1es he was concemed with (120 Hz), he could not achieve global 
cancellation but had to be satisfied w1th ~ 10 dB of cancellation over a beam 
w1dth of about 23°, corresponding to a point somewhere between the curves for 
koL = 1 and k0L 10 in Fig. 18.2. Remarkably, Conover was able to achieve 
this level of performance using purely analog hardware. Digital hardware did 
not corne into use until the l 970s. Among the first to employ digital electronics 
were Kido3 and Chaplin and Smith.4 Kido used digital hardware to 1mplement 
an active system to control transformer noise similar to Conover' s and Chaplin 
and Snuth developed a digital system for controlling tonal exhaust n01se. 

While the above discussion has focused on acoustical sources, similar princ1-
ples apply to structural systems. Consider, for example, a plate with a point force 
disturbance applied as illustrated m Fig. 18.4 w1th a control actuator located as 
shown. In this example the plate 1s 10 x 5 ft and ½-in-thick steel w1th a loss fac­
tor of 10% and the disturbance force and control actuator are about 1.4 ft apart. 
Because the plate m thls example 1s firute in size, there will be resonant modes, 
which will add further complicatiçms to the selection of the number and location 
of the actuators. In this example, the control actuator is applying a force to the 
plate, the amplitude and phase of which 1s des1gned to control the first mode. 
Figure 18.5 shows the contribution of each mode to the plate response w1th and 
without activating the control actuator. Companng the two plots m the figure, 
one can see that activatmg the control actuatèir has suppressed the first mode, 
and, m addition, the second and third inodes have also been reduced. Higher 
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FIGURE 18.4 Plate with disturbance force and control actuator. 
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FIGURE 18.5 Modal amplitudes: (a) uncontrolled; (b) controlled. 
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order modes, however, have generally increased m amplitude. This mcrease in 
the amplitude of uncontrolled modes is referred to as modal spillover. Modes that 
are not targeted to be controlled can increase m amplitude. We can overcome 
this problem by movmg the control actuator closer to the point of application of 
the disturbance force or we can add additional actuators, one for each mode that 
we wish to control. In general, placmg the actuator as close as possible to the 
disturbance source will result m the best reduction m vibration. For example, in 
Fig. 18.6 the mean-square plate displacement averaged over the area of the plate 
is shown uncontrolled and controlled with a single actuator 1.4 ft away from the 
disturbance force and 0.28 ft away. When the.actuator and disturbance are 1.4 fi 
apart, the vibration below 40 Hz is well controlled, but above about 50 Hz the 
control actuator increases the plate vibration due to modal spillover. When the 
control actuator is moved closer, spillover 1s virtually elimmated m the frequency 
range shown. 

We can also mcrease the number of actuators, whlch will enable us to control 
additional modes and increase the frequency range over wh1ch the control will 
be effective. As an example consider the four control actuators located as shown 
in Fig. 18.7. These will be used to control the first four modes.* The result is 
shown in Fig. 18.8. While spillover bas not been elimmated at all frequencies, 

~ 
-0 

Ê 
(l) 

E 
(l) 
(;) 
ro 
a. 
(/) 

'6 
(1) 

=i 
(1j 
0-

"' C. 
(1j 
(l) 

::li 

-70 

-80 

-90 

-100 

-110 

-120 

-130 

-140 '----'----'-----'----'------'---'---'------''----'---' 
0 20 40 60 80 100 120 140 160 180 200 

Frequency, Hz 

FIGURE 18.6 Controlled and uncontrolled plate response. 

"Note that the actuator posiuons have been selected to ensure that at least one actuator 1s capable of 
exc1tmg each of the four modes. If the actuators are placed near the node of a mode to be controlled, 
the actuator will be meffect:lve in controlling that mode. 
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FIGURE 18.7 Location of four control actuators. 
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FIGURE 18.8 Change in mean-square plate vibration usmg four control actuators. 

below 80 Hz the reduction m vibration IS comparable to that aclueved by bringing 
the control actuator very close to the disturbance pomt force. Good perlormance 
above 80 Hz can be achieved by continumg to increase the number of actuators 
and targeting more and more modes for controL Note that similar modal issues 
corne into play in active noise control when the noise control is to be camed out 
m a confined space rather than in the free field in the first example. 

T 
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The lesson to be learned from all of tlus is that, when possible, placing the 
control sources as close as feasible to the offending sources will prov1de the 
best noise and vibration reduction perlormance. When this is not possible due 
to the s1ze of the source, lack of access, and so on, the loss in perlormance 
can be made up, in pnnciple, by employmg a larger munber of control sources. 
However, mcreasmg the number of control sources Will mcrease the complex1ty 
of the controller needed to drive them and will certainly increase the cost of the 
entire system. 

Control sources corne m a wide vanety of forms. For acoustic applications, 
loudspeakers are typ1cally employed. The active elements m the speakers may 
be electrodynamic (voice coil), piezoelectnc, or electrorµagnetic, to mention a 
few. The active element rnight be used to move a speaker cone, modulate air-
-flow, or defonn a structure. The most common configuration is a speaker cone 
driven by a voice coil. Whatever the configuration, the speaker usually needs to 
be enclosed for protection against phys1cal damage, weather.protectlon, and per­
formance enhancement.5 Figure 18.9 shows an enclosure arrangement developed 
for the active control system discussed in Section 18.7 under Mll\t1O Feedfor­
ward Active Locomotive Exhaust Norne Control System w1th Passive Component. 
These enclosures are bandpass enclosures des1gned to enhance the speaker out­
put between 40 and 250 Hz. Bach contains 2-12-in. loudspeakers and 10 were 
employed to control the locomotive exhaust noise. Desplte these efforts the 

(a) (b) 

F'IGURE 18.9 Typ1cal loudspea.lœr enclosure arrangement. 
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performance of the active noise control system was limited by the output of 
these control sources. This is typ1cally described as havmg msufficient control 
authonty. Insu:ffic1ent control authority 1s a problern often encountered m active 
noise control systems, and an assessment of the control source requirements 1s 

one of the first thmgs that should be done before proceeding w1th any active n01se 
and vibration control system design. If there 1s not su:fficient space and power 
available to ensure adequate control authonty, the active system 1s doomed to 
have mferior performance. 

A wide variety of devices are available to be employed as structu:\'al 
control actuators. Typically these are devices that generate a force that is 
reacted agamst an mertlal mass (inertial shaker) or against another pait of 
the structure (interstructural shaker). The active element may be pneumatic,6 

hydraulic.7 electrodynaimc,8 electromagnetic,9 piezoelectric,10 electrostatic,11 or 
magnetostrictive,12 to mention a few. A large-capacity electromagnetic memally 
referenced shaker designed for use in an active control 1s shown in 
Fig. 18.10. 

In place of shakers p1ezoelectric13 patches are sometlmes applied directly to 
panels to control vibrat10n or to radiate sound for n01se control. Any of these 
devices can be very effective,* but the crit1cal issue still remams. The device 
must proVIde suffic1ent control authority. 

Control Sensors and Control Architectures 

Sensors provide the input signals th~ttfie controller filters to drive the con­
trol sources and actuators. Sensors prov1de two functions, and to discuss those 

FIGURE 18.10 A 2000-lb-capacity electromagnetic inertial shaker. 

*The mertial shaker usually provides better performance than the mterstructural shaker, espec1ally 
if the mterstructural shaker creates a flankmg path outside of the frequency range where the control 
system is functioumg, but the mterstructural dev1ce may be preferred when lllgh coutrol authonty is 
needed with mm1mum weight. 
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funct1ons, we neeq to describe the two commonly used control architectures: 
feedforward and feedback. The two architectures are illustrated m Fig. 18.11. 
In the feedforward system (Fig. 18.lla) one or more referenée sensors rneasure 
a signal that 1s correlated with the disturbance to be controlled. The reference 
sensor output 1s sent to a control filter, which acts on the signal to generate an 
output signal that is used to drive the control actuators. The control actuators 
dnve the system to be controlled (the plant function P in the figure) and the 
response of the plant 1s momtored by one or more residual sensors. The res1dual 
sensors are sometimes called the control sensors or error sensors. The purpose 
of the residual sensors is to monitor the performance of the control system. In 
later sections we will see how the reference and res1dual sensors are use to define 
and/or adapt the control filter. 

In a feedback system 18.llb) there are only res1dual sensors, or, to 
put 1t m other terms, the sensors in a feedback system prov1de both reference 
and res1dual functions. As m a feedforward system, the residual sensors monitor 
the performance of the control In addition, therr signais are fed to the 
control filter, which acts on the signals to geillerate an output signal that 1s used to 

Transfer 
function 

Uncontrolled 
Reference disturbance + L Residual 

r d e 

Control filter Plant 

Controller • 
W output 

C 

(a} 

Disturbance + L 1----------------.-R_es_1_du_a_,.I 
d e 

L Plant Control filter 

[Z}---w• 
(b} 

FIGURE 18.11 (a) Feedforward and (b) feedback architectures. 
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drive the control actuators. The control actuators drive the system and generate 
responses m the residual sensors through the plant transfer function, P, 

The ch01ce of whether to use feedback or feedforward architectures depends 
on a number of factors. In general, if reference sensors can be placed to measure a 
system response that is well correlated w1th the disturbance and residual sensors 
can be placed on the system such that there is suffic1ent delay between the 
reference and residual sensors (i.e., the reference sensors receive their signals 
before the residual sensors), then feedforward is the architecture of cho1ce. This 
1s espec1ally true if the reference sensors are unaffected by the operation of the, 
control actuators, such as would occur w1th a tachometer reference, for example. 
Feedforward 1s preferred (as we shall see m later sections of this chapter) because 
the algorithms are simple and easy to implement and the bandwidth reqmrements 
on a feedforward system are much less strmgent than for feedback. 

If a suitable set of reference and residual sensors satisfying the above requires 
ments does not ex1st, then feedback must be used. As will be shown in later 
sections of this chapter, feedback control systems can present special problems. 
In particular, stability and out-of-band amplification requirements* can force the 
bandwidth of the system to be up to 100 times the control bandwidth. 

As with actuators there is a wide variety of sensors used in active noISe 
and vibration control systems. For systems des1gned to control only tones, a 
tachometer is often the reference sensor of choice, because in most cases the 
operation of the control system does not affect the tachorneter, making the 
implernentation of a feedforward system much eas1er. Other sensors that are com­
monly used include, accelerometers, force gauges, strain gauges and p1ezoelectric 
patches, proximîty sensors, linear variable differential transformers (L VDTs ), 
microphones, hydrophones, and pressure sensors. The requirements on the sensors 
are the same as for any high-quality mstrumentatlün system: sufficient sensitivity 
to measure the phenomena of înterest, low noise, stable operation, durabîlity, and 
so on. 

Performance Expectations 

Active noise and vibration control systems can be powerful tools in the hands of 
a knowledgeable noise control engineer. In many cases, significant reductions m 
noise and vibration can be achieved w1th active systems that cannot be achieved 
usmg passive treatments w1th the sanie space and we1ght constraints. This is 
espec1ally true at low frequenc1es. Despite the power of the technology, there 
are realistic lirnits on what reductions can be achieved. Figure 18.12 shows the 
performance achieved by the prototype active system described in Section 18.7 
under Active Machinery Isolation. We present it here because it reflects the 
performance that is normally achievable m a properly designed active system. The 
figure shows the reduction in force transnntted by an active vibration isolation 

*Outside of the frequency band where control is desrrect, the active system can amplify the disturbance 
unless great care 1s exerc1sect in implemenung the system filters to frequencies well beyond the 
frequency band for control. 
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FIGURE 18.12 Typ1cal performance of an active vibration control system. 

mount. The system was a smgle-input, smgle-output (SISO) feedback control 
system designed for suppression of both broadband and narrow-band vibration. 
The narrow peaks m the figure w1th aniplitudes of 15 to nearly 25 dB reflect 
the reduction in tonal components of the force transmitted by the mount. These 
values are what one would typ1cally expect in tonal suppression from an active 
system. In addition to the peaks there is broad hill beneath them that m the 
frequency range of 10-100 Hz has an amplitude of from 6 to 10 dB. This too 
is typical of what one might expect from a system designed to provide control 
of broadband noise and vibration. Of course, there are many factors that go into 
deterrnining the performance of an ANVC system, and there 1s no substitute for 
careful analytical/emp1rical modeling helpmg to direct the design process, but 
these values represent reasonable expectations for system perfom1ance when the 
technology 1s properly rmplemented. 

Examples of Prototype ANVC Systems 

There have been a vast number of ANVC prototype systems implemented over 
the past 50 years or so. Here we present a few examples of those systems to 
give the reader a sense of how the technology has been applied, where 1t has 
been most successful, and where additional technology and research 1s required. 
For a more detailed look at the early development of the technology the reader 
1s referred to a number of rev1ew articles.14

-
17 

The first patents proposing the use of a sound to cancel unwanted sound m 
the early 1930s proposed the type of system18•19 illustrated m Fig. 18.13. These 
early proposals focused on the control of sound m a duct and mvolved the use 
of a reference microphone to sense the unwanted sound. In Fig. 18,13 the signal 
from that rrucrophone was then acted on by appropnate electromcs to synthes1ze 
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Noise Acoustical delay ~ n=)Ouiet 

Input Loudspeaker 
microphone 

Electronics 

Electronic delay ~ 
FIGURE 18.13 Schematic diagram of the active n01se control concept for controlling 
sound m ducts. 

a signal to drive a loudspeaker downstrearn frorn the microphone. The sound 
wave from the loudspeaker then cancels the unwanted sound. The use of active 
systems to control sound in ducts has received a great deal of attention over 
the years. Swinbanks20 provided an extensive theoretical foundation in the early 
1970s focusing on vartous arrangements of control sources at two different axial 
positions in a duct to rninirnize propagation of canceling sound back to the refer­
ence microphone. Other researchers21,22 examined more complex control source 
configurations to deal w1th the control-source-to-reference coupling. Eventually 
laboratory expertments were carried out using analog electromcs to confirrn the 
predictions of the analysts23 and to demonstrate both narrow-band and broadband 
control.24 Eriksson's work in this areâ"is'lparticularly noteworthy.25- 28 His the­
oretical and expenmental work eventually resulted in a commercially available 
acuve.duct silencer utilizing digital electromcs that was sold through Digisonix,* 
a subsidiary of Nelson Industries. The system configuration was very sirnilar to 
that shown in Fig. 18.13. 

Another early concept (1950s) for active noise control is illustrated m. 
Fig. 18.14. This 1dea was developed by Olsen and May29 while at the Radio 

Microphone 

Amplifier 

FIGURE 18.14 Olsen and May's "electronic sound absorber" 

*Nelson Industries 1s currently owned by the Cununins Engme Company and Digisorux is no longer 
in busmess. 
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Corporation of Amenca. The concept utilizes a nucrophone placed close to 
a loudspeaker m which the nucrophone detects the unwanted sound and the 
speaker generates a canceling signal that creates a zone of silence around the 
microphone. They assembled and successfully demonstrated therr. concept using 
only analog components. This basic concept has been extended and utilized in 
a number of applications, mcluding control of automobile30- 34 and arr.craft35- 38 

intenor n01se and noise-reducing headsets.39- 41 The example in Section 18.7 
under Active Control of Airbome Noise in a High-Speed Patrol Craft describes 
a system that uses this concept to reduce the n01se in the berthing spaces of a 
h1gh-speed patrol craft. 

Figure 18.15 shows a schematic diagrarn of a notmnal active autornot1ve inte­
rior noise control system. As shown, the system is des1gned to control noise 
generated by the propagation of vibration from the vehicle' s suspension to the 
passenger compartment where it is radiated as sound to the vehicle intenor (road 
noise) and engme noise. Feedforward active control architectures have usually 
been used to attack this problem. A number of reference accelerometers are 
placed on vehicle suspenswn components and in the engme-cornpartment. Refer­
ence nucrophones nught also be used. The reference signals are fed to a controller, 
which generates s1gnals to drive the control loudspeakers m the passenger com­
partrnent. Res1dual microphones are located m the passenger compartrnent near 
the ears of the occupants so as to generate a zone of silence around the head 
of each occupant. Because of the nature of the mtenor noise, the control system 
must reduce both narrow-band and broadband n01se. While the system concept 1s 

fairly srmple, its successful irnplementation has proven dif:ficult. First the number 
of residual sensors needed to sarnple all of the suspens10n sources can be qmte 
large42 (10-20). This can lead to significant costs due to the high channel count. 
In addition, the reductions achievable seem to be limited to about 6 dBA and 
the zone of silence around the control Illlcrophones is usefully large only at low 

Englne 
compartment 

reference 
sensors 

, Controller ,-------.. 

Control 
speaker 

Suspension 
re1erence 
sensors 

FIGURE 18.15 Schematic of an active automobile intenor noise suppress10n system. 
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frequency (up to a few hundred hertz), linnting the useful frequency range of the 
system. Consequently, active systems prov1ding broadband automobile interior 
noise control are not presently cormnerc1ally available. 

Systems for the control of aircraft interior noise have generally focused on 
tonal noise, that is, the propeller blade passage frequency and its harmonies. A 
schematic of a typ1cal system is shown in Fig. 18.16. Experirnental systems like 
that shown have generally provided about 10 dB of tonal mterior noise control 
at the blade passage frequency and somewhat less at the higher harmonies. The 
system m the figure is sirnilar to the automotive interior noise control system 
except that the reference is now a tachometer from the aircraft engine. The 
schematic shows control speakers as the actuators, but piezoelectnc patches on 
the fuselage panels and inertial shakers on the ribs and stringers have also been 
tned, effectively turning the fuselage into a loudspeaker. Systems smtable for 
small propeller-driven business aircraft are presently cormnerc1ally available from 
Ultra Electronics. 

A number of manufacturers now prov1de reasonably priced active n01se can­
cellation headsets. Figure 18.17 shows one arrangement. The figure shows the 
shell of one side of the headset m which there is a small speaker and colocated 
Inicrophone. The signal that the wearer w1shes to hear drives the speaker, the 
output of which is p1cked up by the microphone. The rmcrophone also picks up 
any nmse that passes through the shell. The microphone signal is then fed back, 
as shown in the block diagram in the ~1,1,ure. By increasing the gain of the .filter, 

$ 

Restdual 
microphone 

Control 
loudspeaker 

Tachometer 

Controller 

FIGURE 18:16 Schematlc of an active aircraft mterior noise control system. 
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FIGURE 18.17 Typ1cal noise cancellation headset. 
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W, m the block diagrarn* (typically an analog filter in commercial products rather 
than a digital one), the signal will pass through unchanged and the n01se will 
be attenuated. Of course, this gam cannot be mcreased without limit, smce too 

. . 1 
high a gain can result in instability and ringing. These dev1ces produce notice-
able improvement (10-15 dB) m the passive performance of hearmg protection 
headsets above 100 Hz. The improvement gradually decreases with increasing 
frequency until at ~l kHz most of the improvement has go.ne away. In very 
loud environments headsets can be lirmted m performance by the sound level the 
small speaker can generate w1thin the shell. 

Another area that has received considerable attention m recent years is the 
active control of tonal noise from turbofan engrnes.43- 50 Tonal nmse from these 
engines is caused primarily by the interaction between the fan blade wakes and 
the stator vanes. The control systems for the most part have been feedforward sys­
tems utilizïng a tachometer for a reference sensor. Since the fan and stator vanes 
are located in the bypass duct, the systems need to take mto account the com­
plex phys1cs of the propagation of sound in ducts. The physics dictates that the 
fan-stator interaction noise will propagate down the duct as, so-called, spmnmg 
modes. These modes have a smusoidal pressure variation in the crrcumferential 
directions that rotates as the mode propagates, hence the term spmning mode. 
Only a selected number of these modes are excited by the fan-stator mteractlon 
and a still smaller number propagate. Consequently, the control actuators must 
also generate spmning modes in order to cancel the fan-stator interaction noise 
w1thout generatmg additional propagating modes m the duct. Figure 18.18 shows 
a schematic drawing of one such active n01se control system. This particular 

*In the block diagram W also contams the frequency response between the speaker mput and the 
!lllcrophone output. 
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FIGURE 18.18 Schematic of the active noise control system for controlling fan-stator 
interactlon n01se. 

system utilizes actuators in the stator vanes. Actuators have also been installed 
in the walls of the duct. The system must be designed with a sufficient number of 
actuators to ensure that the propagating,J.ll:Odes to be controlled can be generated 
by the array without aliasing into other m3des that wîll propagate. 

Bach array is driven by a single passed through analog or digital elec-
tronics (spinning-mode generator) that properly phase shifts the actuators m each 
array to produce a spinmng mode of the desired circumferential order. Bach 
actuator m the array must be the same. If there are large variations in amplitude 
and phase between actuators when driven by the same signal, then modes other 
than the desired mode will be generated, resulting 111 n01se generation rather than 
suppression if the spunous modes propagate. The control sensors are typically 
wall-mounted nncrophones arranged in circumferential arrays and each array is 
steered (circumferential array processor) to accept a spinning mode of the cir­
cumferential mode order that is to be controlled. In a laboratory settmg, systems 
of thls type are capable of reducing the tonal noise from fan-stator mteraction by 
10-20 dB. In real hlgh bypass tirrbofan engines, however, especially in modem­
day large engines, none of the actuators tested to date have sufficient control 
authonty to be able to overcorne the distirrbance. In addition, at the present time, 
while the controller channel count can be farrly low, typically equal to the num­
ber of modes to be controlled, the number of actuators and sensors needed to 
field a system can be quite large. It 1s very likely, however,/that if active noise 
control is included early in the design process of an engme along with pas­
sive n01se control treatments, the number of actuators and sensors needed could 
be substantially reduced. If more powerful actuation systems become available, 
commercially available active systems for the control of fan-stator mteraction 
n01se in turbofan engines may become a reality. 

Machine 
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FIGURE 18.19 Not10nal activated vibration isolation mount. 

In the 1950s Olsen51 was the first to suggest extending active control to 
the control of machmery vibration. Since that time numerous studies have been 
carried out into the activation of vibration ISolation mounts.52- 55 Figure 18.19 
shows a schematic drawmg of a notional active vibration isolation system. In this 
case, we envision a set of mounts supporting a vibratmg machine on the deck of 
a ship. In the figure only one mountis shown activated. In actuality all (possibly 
10 or 12 mounts) would be. It is des1red to reduce the vibration excitation of 
the deck while maintainmg the position of the machine, which is in a confined 
space, so that 1t does not strik:e any of the ship structirre surrounding it dunng 
shlp maneuvers. These two requirements are conflicting. Good vibration isolation 
performance requires a mount that is as compliant as possible while good position 
keepmg requires a stiff mount. Two approaches can be tak:en to the activation of 
the mount. We can ernploy a mount that is stiff enough to ensure good position 
keeping and use an active system to increase the compliance of the mount at 
higber frequency wbere good vibration isolation performance is desired. We will 
refer to this type of system as the active isolation system. Another approach is to 
use a very compliant mount that provides the desired vibration isolation perfor­
mance at high frequency and use the active system to provide position keeping at 
low frequency. We will refer to this system as the position-keeping system. For 
either concept to work the frequencies associated Wlth ship maneuvers should be 
much lower than the frequenc1es where vibration isolation performance 1s desired. 
The notional system that we have shown m Fig. 18.19 incorporates air mounts. 
Since air mounts tend to be very compliant, they would be most appropriate 
for the pos1tion-keepmg approacb. The system would require 10-12 mounts to 
conveniently control all six ngid-body degrees of freedom. Each mount mcorpo­
rates sensors for measuring relative displacement between the machine and the 
deck and for measurmg the acceleratton on the deck and the machine. These 
sensors would be used m the controller to generate a frequency-dependent linear 
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combmat1on of relative displacement, velocity, and acceleration at each mount. 
Those mputs would then be used by the controller m a feedback arclntecture to 
dnve the control valves, wlnch can mject lngh-pressure air into or vent it from 
the arr mounts. Since the frequencies associated w1th ship maneuvers tend to be 
lie below 1 Hz, the machine would most likely act as a ngid body, significantly 
simplifymg the system transfer functions and making the controller s1mpler as 
well. This approach does have some disadvantages. For example, 1t would require 
about 10-12 arr mounts to convemently implement it. In addition, all mounts 
must be coupled m the controller, malang it a multiple-input, multiple-output 
(MllvIO) system. On the other hand, there would only need to be s1x mdependent 
channels in the controller to control the six ngid-body degrees of freedom of 
the maclnne. Multi-degree-of-freedom systems of tlns type and of even greater 
complexity have been 1rnplemented in research programs, but none are commer­
c1ally available. However, there remains considerable interest m active isolation 
systems and position-keeping systems for both Inilitary and civilian applications. 

The above examples of types of ANVC systems represent only a taste of the 
many noise cancellation problems that have been addressed using the technology. 
In Section 18.7 we present three detailed examples of ANVC systems to provide 
the reader with a more in-depth look at the development, implementation, and 
performance of real prototype systems. 

18.3 DIGITAL FIL TERS 

Advantages of Digital Filters 

Active noise and vibratrnn controllers are basically filters. The mputs are sensor 
signais and the outputs are the dnve sigitals to the actuator electromcs, which 
impart desrred control forces to the physical system bemg controlled. For some 
ANVC applicat10ns, 1mplementing these filters using analog electronics is an 
efficient and cost-effective approach. In particular, analog controllers should be 
considered for applications where the required -magmtude and phase responses 
of the filters are a relatively simple function of frequency and when these fil­
ters are not required to change over time. An exarnple of an application where 
analog controllers have been used effect:tvely is active headsets. However, when 
the required magmtude and p_hase responses vary significantly as a function of 
frequency and the characteristics of these filters are required to change over time 
to mamtain a des1red level of performance, digital controllers are often the best 
choice. The filters implemented within these digital controllers are referred to as 
digital filters. 

Digital controllers offer man y advantages over analog controllers. As discussed 
by Nelson and Elliott,56 these advantages include the followmg: 

Flexibility. Digital controllers implement digital filters by runnmg programs 
wntten to operate on digital signal processor (DSP) chips. The codes to 
implement these filters can be written to allow for these filters to change 
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the1r characteristics over time (i.e., adapt). Further, these codes can be 
written to accommodate increases in the number of input and output chan­
nels. Additionally, the complexity of the digital filters can be increased or 
decreased by modifymg the codes runnmg on the DSPs. 

Accuracy. Many DSPs support floating-point computations running m either 
single- or double-precis10n arithmetic. Although greater accuracy in the cal­
culations can be achieved usmg double precis1on, this mcreased precis1on 
is seldom requ1red and cornes at the cost of increased memory require­
ments. The accuracy of single-prec1s10n controllers bas been demonstrated 
for a wide variety of ANVC applications, i~cluding those with large num­
bers of input and output sigitals and digital filters requiring very complex 
magnitude and phase responses as a functrnn of frequency. 

' Adaptability. Applications of ANVC often require the controller to alter filter-
ing charactenstics over tune to maintain a desired level of performance. 
Controllers that satisfy this requirement are sa:id to be "adaptive." An 
example of an adaptive controller is ANVC applied to systems whose 
dynamics (as a function of frequency) change over time. Digital controllers 
implemented usmg DSPs can be desigited to adapt to these changes. 

Cost. The cost of DSPs has continued to drop over the past 15 years. At 
the same' time, the computational and memory capabilities of these chips 
have contmued to increase. Currently available DSPs deliver up to 1 x 109 

floating-point operations per second (l gigaflop, abbreviated Gflop) and 
are equipped with up to 256 Mbytes of local, fast-access memory. In addi­
tion, the arclntecture of these chips has expanded fo allow commurucations 
between DSPs to supp~rt efficient implementation of digital controllers 
employmg multiple DSPs for large-scale applications. Both fixed- and 
floating-point DSPs are available. Fixed-point processors are cheaper than 
floatrng-point processors but are generally more difficult to program, result­
mg in increased software development costs. 

In the followmg secnon the concepts of digital sampling and filtenng are 
discussed. Subsequent sections use these concepts to summarize optimal digital 
and adaptive digital filter designs. 

Description of Digital Filters 

There are many good texts covering the concepts of digital sequences, sampling, 
and filtering.56- 59 For purposes here, we summanze these concepts followmg 
the developments of Nelson and Elliott56 and Oppenhe1m and Schafer.57 The 
interested reader should look to these references for more detailed discussions. 

The input to a digital controller is typically an analog signal from a sensor 
that passes through an analog-to-digital (A/D) converter. The purpose of the A/D 
converter is to sample the mput signal at regular time mtervals (~t) to produce 
a sequence of numbers corresponding to the amplitude of the input signal at 
each sample time. A schematic of the operation of an A/D converter 1s shown m 
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18.20. The output of the A/D converter can be related to the continuous-time 
input signal through the following relationship: 

00 

f (n) = L f (i)8(n - i) (18.}) 
1=-00 

where 8.(n i) is called the Kronecker delta function, or unit-sarnple sequence, 
and is defined as 

8(n - i) { 
1 n i 

0 n cf i 
(18.2) 

The sampled signal m Eq. (18.1) is only defined for mteger values of n. That 1s, 
f (n) is only defined for n = 0, ±2, ... An exarnple of a continuous-time 
signal and the corresponding sampled signal f (n) is shown m the lower portion 
of Fig. 18.20. The sample index n can be related to a discrete time by tn = n b.t, 
where b.t is the fixed tune interval between sarnples. 

A digital system (e.g., digital filter) operates on a sequence of numbers to pro­
duce an output sequence. This is shown schernatically m Fig. 18.21. The impulse 
response w(n) of the digital system W 1s defined as the output corresponding to 
a unit-sarnple input [i.e., ô(n - i), i = 0]: 

w(n) = W{8(n)} (18.3) 
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~n) g(n) 

--►~I _w_l ► 
FIGURE 18.21 Digital filter operating on input J(n) to produce an output g(n). 

where w(i) 0 for i < 0 ensures that the output of the filt~r does not occur 
before the input sequence is applied. Filters that obey this constraint are referred 
to as causal filters. 

The filter operation implied by the block diagram of 18.21 can be express-
ed mathemaucally as 

l-l 

g(n) L w(i)f (n - i) (18.4) 
,=0 

where the impulse response of the digital filter w(i) in Eq. (18.4) 1s assumed to be 
a sequence of numbers of length I. It 1s common to refer to these numbers as the 
coefficients, taps, or weights of the digital filter. For example, w(i) is called the 
ith coefficient of the digital filter w. Usmg this nomenclature, Eq. (18.4) states 
that the output of the digital filter w at time step n is equal to the summat1on 
over i of the I th coefficient of w times the mput at time step n z. In vector 
notat10n, this operation is equ1valent to the nmer product of a row vector and a 
column vector such that 

(18.5) 

where (·l represents the vector transpose operator and w and f(n) are defined as 

wT = [w(0), w(l), w(2), . . w(I - l)] 

fT(n) = [f(n), f(n l); ... f(n -1 + l)] 
(18.6) 

An exarnple of this filtermg process 1s shown schematically in Figs. 18.22 
and 18.23. Figure 18.22 shows the input time sequence f (n) and the unpulse 
response of the digital filter w(i). Figure 18.23 depicts the filtering of (18.4) 
at three mcrements m time during the filtering operation. The upper three charts 
plot the input sequence f (n i) for n O. 4, 9. The middle three charts plot the 
impulse response of the digital filter w. The lower three charts plot the output 
g(n) at time step n = 0, 4, 9. As shown m these figures, the output of the filter 
is obtained by computing the summat10n of the time-reversed input signal as 1t 

slides past the impulse response of the filter. 
The digital filter of Eq. (18.4) depends only on current and past values of 

the input sequence and is linnted in length to J coefficients. These types of 
digital filters are referred to as finite impulse response (FIR) filters because the1r 
impulse response is zero after a finite number of taps or coefficients. These filters 
are also known as "tapped delay line," "movmg-average" (MA), "nonrecurs1ve," 
"all zero," or "transversal" filters. 



744 ACTIVE CONTROL OF NOISE AND VIBRATION 

Time sequence Filter coefficients 

0.8 

0.6 

0.4 

0.2 

t2 o: 
:;::' 

-0.2 

-0.4 

-0.6 ' - .. "1 

-0.8 

-1 '---~--'-----'----J 

-20 -10 0 10 20 
n n 

FIGURE 18.22 Example input sequence and rmpnlse response. 

A more general class of filters is define,51 as 

K 

g(n) i) + L bkg(n - k) (18.7) 
k=! 

ln addition to depending on current and past values of the inputs, the current 
output of the digital filter represented by Bq. (18.7) depends on past values of the 
output. Digital filters of this type are referred to as mfinite IIDpulse response (IIR) 
:filters because, m general, the IIDpulse response of these filters never decays to 
zero. These filters are also known as "recurs1ve," "pole-zero," or "autoregressive 
movmg average" (A&\1A) filters. The general form of Eq. (18.7) reduces to a 
FIR filter when bk O for an k. 

Implementations of FIR and IIR filters can be represented schematically if we 
define a delay operator such that 

(18.8) 

Usmg the property of the delay operator in Eq. (18.8) and the general filter repre­
sentation m Eq. (18.7), a FIR filter can be implemented as shown in Fig. 18.24. A 
corresponding implementat10n for an IIR filter ts shown in Fig. 18.25. A desrred 
filter response can be approxinlated digitally using either the FIR or IIR fil­
ter structures discussed above. The ch01ce between these two involves certam 
trade-offs, including the followmg: 
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f(n) 

FIGURE 18.24 Implementation of a FIR filter using current and delayed values of the 
mput. 

f{n) 

r~· .. 
t 
~~ 

g(n- K) 

FIGURE 18.25 Implementation of an IIR filter using current mput and delayed values 
of the inputs and outputs. 

• FIR filters are guaranteed to be stable prov1ded the coefficients are :firute: 
Bounded inputs produce bounded outputs. 

• IIR :filters can be unstable even when all coefficients are finite: Bounded 
rnputs can produce unbounded outputs. 

• IIR filters rnay require fewer coefficients than FIR filters to approximate the 
frequency response necessary to provide active n01se and vibration control: 
Typical transfer fonctions associated with structural acoustics mclude both 
poles and zeros, as do IIR :filters, whereas FIR :filters have only zeros. 

• Design procedures to solve for FIR filter coefficients are generally numen­
cally better behaved than those to solve for IIR :filter coefficients. 
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Although there are advantages and disadvantages to both approaches, the vast 
maJonty of ANVC applications rely on the numerically stable design procedures 
and guaranteed stability associated with FIR filters and consequently implement 
the digital filters within A.tWC controllers as FIR filters or composites of FIR 
filters. 

Optimal Digital Filter Design 

Having described the concept of digital filtenng in the previous section, we focus 
in this sect10n on design procedures to solve for the optimal coefficients of a dig­
ital. filter for a particular class of problems. The class of problems cons1dered 
is illustrated in Fig. 18.26. This problem is referred to as the electr1cal n01se 
cancellation problem and 1s discussed in detail in references56•58• aact 59. This is 
an important class of problems because 1t introduces the concept of rnirnffilzing a 
mean-square error metric and because 1t has strong parallels to problems encoun­
tered m ANVC applications; the main difference is that ANVC applications will 
have a nornmity transfer fonction relating the output of the control filter to the 
error signal response. • 

As shown in Fig. 18.26, the input signal f (n), which is also referred to as 
the reference signal, is filtered by the FIR filter w to produce ,an output sequence 
y(n). The desrred signal, d(n), is contaminated by noise correl.ated wlth the mput 
signal but presumably uncorrelated w1th the des1red signal. The resulting signal 
plus noise 1s shown rn the figure as d(n). The correlation of the noise and the 
mput signal 1s indicated by the unknown physical 1mpulse response function h;. 
The obJective for this problem is to salve for the coefficients-of the FIR filter 
that will take the rnput sequence f (n) and generate the output sequence y(n) that 
will remove the unwanted noise from the signal d(n). In other words, we seek 
to design the optimal FIR fil ter to remove the part of d (n) that is correlated with 
the input signal f (n). If successful, the error signal e(n) will be uncorrelated 
w1th the rnput signal when the filter 1s rn place. 

Physical system 
impulse response 

f(n) 1 1 

Input signal ►L--w-1 _...J 

FIR ftlter 

Noise correlated 

with input signal 

y(n) 

Output signal 

DesIred signal 
cÎ(n) 

e(n) -+ 
Error signal 

FIGlJRE 18.26 Electncal n01se cancellation problem. 
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Following the developments in references 56 and 58 the error signal can be 
expressed in terms of the desrred signal plus noise, the mput signal, and the FIR 
filter coefficients: 

I 

e(n) d(n) ~ _L w(i)f (n i) 
!=Û 

(18.9) 

where the lower equation has been used to express tlus relationship using vector 
inner products and f (n) is defined in Eq. (18.6). 

An express10n for the mean-square error can be obtained by expanding terms 
m Eq. (18.9) and tak:mg the expected value: 

(18.10) 

Equation (18.10) 1s a key result because it reveals that the mean-square error 
is a quadratic fonction of the weights of the FIR filter. The quadratic func­
t10n will have a global minimum prov1ded that the matrix E{f(n)fT(n)} in the 
third term 1s positive definite ,56•58- 60 which means that all of its eigenvalues 
are greater than zero. Assuming tlus requirement is met, if one were to plot 
the mean-square error as a function of~any two of the coefficients of the FIR 
filters, the "error surface" would be a bowl, as shown m Fig. 18.27. As a 
consequence, the FIR filter coefficients that correspond to the minimum mean­
square error can be determined by differenttating Eq. (18.10) with respect to 
each coefficient of the FIR filter and setting the resulting set of equations equal 
to zero. 

This process of differentiating and equating the results to zero will produce 
a set of linear equations in terms of the unknown coefficients of the FIR filter. 
This matrix equation can be expressed as 

[A]w = b (18.11) 

E{e2(n)} 

Wz 

FIGURE 18.27 Error surface for a quadratic function m terms of coefficients w1 

and wz. 
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where [A] 1s the input correlation matrix defined as 

[ 

Rff(0) Rff(I) Rff(I 

1)] RJJ(l) Rff(O) 
[A]= 

Rff(l 1) Rff(O) 

(18.12) 

' 
where 

Rff(m) = E{f(n)f (n m)} E{f(n)f(n + m)} (18.13) 

The vector b in Eq. (18.11) corresponds to the lag values of the cross correlation 
between the reference sequence and the desired sequence given by 

(18.14) 

where 
RJd(m) = E{f(n)d(n + m)} = E{f(n - m)d(n)} (18.15) 

With the above definitions for [A) and b, the c9effic1ents of the optimal FIR 
filter can be expressed m terms of auto- and cross-correlat10n fonctions of the 
input and the desired signals. Prov1ded that the input correlat10n matrix [A] is 
invertible, the optimal coefficients are g1ven by 

(18.16) 

where [A]- 1 is the mverse of the matnx (A]. As. discussed by Widrow and 
Stearns59 and Elliott,58 tge solution of Eq. (18.16) is called the Wiener filter. It 
can be shown that usmg this filter will cause the cross correlatlon between the 
error signal and mput signal to be zero over the lèngth of the filter (J 1). For 
the problem posed in Fig. 18.26, tlus 1mplies that the Wiener filter will remove 
any portion of the signal, d(n), that is correlated w1th the input signal f (n). 

The residual mean-square error can be determined by substituting Eq. (18.16) 
into (18.10): 

(18.17) 

Solvmg for Wopt in (18.16), however, requires computmg the mverse of the 
input correlation matnx [A], wluch can be cornputationally expens1ve and may 
be numerically ill-conditloned (i.e., smgular). As a consequence, procedures have 
been developed to search for the minimum of Eq. (18.10) using iterative tech­
niques. One of the most computationally efficient iterative techniques, the least 
mean-square (LMS) algonthrn, is introduced m the next section. 

Adaptîve Digital Filter Design 

Gradient Descent Algorithms. As discussed in the previous section, the 
mean-square error is a quadratic function in terms of the optimal weights of 
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the FIR filter. As such, gradient descent algorithms are guaranteed to converge 
to the global minimum, provided [A] is positive defimte and the algonthm is 
itself stable. 

The basic concept of a gradient descent algonthm 1s to esumate the gradient 
(i.e., denvative) of the mean-square error with respect to the FIR filter coefficients 
and update the filter coefficients by movmg in the direct10n of the negative of the 
local gradient. There are many different algorithms that can be used to adaptlvely 
deterrnme the filter coefficients corresponding to the global mimmum. These algo­
nthms include Newton-based algorithms, steepest-descent algonthms, and the 
LMS algonthm, whlch was mtroduced by Widrow and Stearns.59 These algo­
nthms typically trade off convergence speed versus numencal stability (for TIR 
filters) and computat10nal complex1ty. Details of these algonthms can be found 
in texts written by Widrow and Stearns59 and Elliott.58 While sometrmes having 
performance advantages over FIR filters, TIR filters can encounter numencal sta­
bility problems dunng design and can converge to nonglobal minima, resulting 
in less than optimal performance. On the other hand, the LMS algortthrn dis­
cussed in the next section (for FIR filter design) approxtmates the gradient term, 
thus s1gnificantly reducing the required number of computations while ensuring 
convergence to the optimal coefficient vector. 

LMS A/gorithm. Widrow and Stearns59 developed an elegant algorithm that 
greatly simplifies the computational complexity yet still converges to the optimal 
coefficient vector (i.e., Wiener filter). TI:ûs algorithm estimates the gradient term 
using the mstantaneous value of the error, as opposed to performmg a matnx 
inversion or estimatmg expected values as reqmred by Newton's algonthm and 
steepest-descent algorithm, respectively. As a consequence, the gradient term is 
approximated as [see Eq. (18.10)] 

aE{e2(n)} ~ 2e(n) Be(n) ~ -2f(n)e(n) 
aw aw (18.18) 

U sing this express10n for the gradient, the update equation of the filter coefficients 
usmg the LMS algorithm is given by 

w(n + 1) = w(n) + 2µ.f(n)e(n) (18.19) 

where µ. is a constant k:nown as the adaptation coefficient, wbich charactenzes 
the speed of convergence of the algonthm. Tlus equation states that the vector 
of filter coefficients at time step n + 1 can be determmed from the vector of 
coefficients at time step n plus a correction tenu m the direction of the negative 
of the gradient of the error surface as estimated by Eq. (18.)8). 

Widrow and others have shown that this algonthm will converge to the optimal 
solution and is guaranteed to be stable provided that the value of the convergence 
parameter satisfies the relationsbip 

2 
Ü<µ.<-= 

mj2 
(18.20) 

"·•-·-,,," • • ):::,:, ,·,, 

.:::;·~· 

" .. ,,,·. 
:::•·.' 
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The denommator of the nght-hand term is an approximation to the trace of the 
input correlation matrtx, where m is the number of FlR filter coefficients and J2 
is equal to the rnean-square value off (n). 

Another important parameter associated with the LMS algonthm 1s termed the 
misadjustment, which is the ratio of the excess mean-square error to the mmimum 
mean-square error. Essentially, this 1s a measure of how close the algorithln 
will converge toward the bottom of the quadratic performance surface (see, e.g., 
Fig. 18.27) for a particular value ofµ.. It can be shown that the mtsadjustment 
1s equal to the convergence pararneter urnes the trace of the input correlatton 
matnx for the LMS algorithm.59 If we mvoke the same approximation to th1s 
trace. as m Eq. (18.20), we obtam an expression for the convergence parameter 
in terms of the IU1sadjustment and mean-square value of the input sequence: 

(18.21) 

where p is the lnisadjustment factor. This final expression provides a useful proce­
dure for selecting the convergence parameter. ln fact, it 1S often useful to specify 
the desrred IU1sadjustment (e.g., p = 0.01) and let the adaptation coefficient be 
calculated from Eq. (18.21). In this way, the reimlting adaptation coefficient will 
be normalized by the power of the reference signal. When the adaptation coeffi­
cient 1s adjusted to be inversely proport1onal to the power of the input signal, the 
algonthm is referred to as the normalized LMS algonthm. In practice, the value 
of the convergence coefficient obtained m this way serves as a starting point and 
manual adjustment 1s often necessary to obtain the desired performance. 

To preserve clanty, we have presented the LMS algonthm assuming a SISO 
error signal. However, the algonthm 1s easily extendable to the MIMO case. 
Details for the MIMO implementation can be found in Widrow and Steams,59 

Nelson and Elliott, 16 and Elliott.58 

Because of 1ts computational simplic1ty and good convergence properties, the 
LMS algonthm has been used extensively in a variety of applications (e.g., in­
wire cancellation, system identification) and is the bas1s for the filtered-x LMS 
algorithm that 1s most often used m ANVC applications. In fact, the LMS algo­
rithm is typically used to estimate the impulse response between the filter output 
and the error signal (i.e., plant), which 1s needed for the implementation of the 
filtered-x LMS algorithm. Details and examples of the filtered-x LMS a]gorithm 
are covered m the next sect10n. 

18.4 FEEDFORWARD CONTROL SYSTEMS 

Basic Architecture 

The baste architecture of a feedforward active control system is shown in 
Fig. 18.28. The figure shows a dîsturbance d exciting a system which is to be 
controlled. A transfer fonction T relates the disturbance to the system output o. 
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tunction 

Uncontrolled 
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+ 

Controller 

Coupling ta reterence 

C 

FIGURE 18.28 Basic feedforward architecture w1thout adaptation. 

A reference signal r correlated with the disturbance is used by the controller to 
generate a signal that drives a control actuator to excite the system and reduce 
the system response to the disturbance. The transfer fonction R is shown simply 
to indicate that the disturbance and the reference are correlated. The transfer 

"•· éJ 
fonction P, referred to as the plant, relates the controller output to the system 
output. The block diagrarn shows that the actuator, when dnven by the controller 
output, is coupled not only to the system output but also to the reference through 
the transfer fonct10n C. The feedback to the reference signal is not desirable and 
the controller contains a filter C the transfer fonction of which is a copy of the 
coupling transfer fonction between the control actuator and the reference sensor. 
The purpose of this neutralization filter is to cancel or neutralize the coupling 
between actuator and reference signal. In addition to C, the controller contarns a 
second filter, W, the purpose of whlch is to take the reference signal and generate 
a signal to dnve the actuator to reduce the system output o. If the neutralization 
filter performs properly, the coupling to the reference is removed and the block 
diagrarn simplifies to that shown m Fig. 18.29. Note that an altemate approach 
has been p10neered by Eriksson and his colleagues in whlch the designs of W 
and C are combined in a slightly different architecture from that shown here. 
The interested reader is referred to references 25 and 61-63. 

To see what the block diagram in Fig. 18.28 means physically, consider the 
duct problem described m Section 18.2. Figure 18.30 show a schematic of the 
duct with a reference rmcrophone, controller, and control speaker. The distur­
bance, a sound wave of amplitude d, can be seen to the left propagating down 
the duct toward the control speaker. The transfer fonction T relates the dis­
turbance pressure to the uncontrolled pressure, o, downstream of the speaker 
locat10n m the duct. The reference rmcrophone senses the disturbance pressure 
and sends a reference signal r to the controller. The control filter W operates 
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FIGURE 18.29 Simplified feedforward architecture w1th coupling to reference removed. 
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FIGURE 18.30 Feedforward architecture applied to the control of noise in a duct. 

on the reference and sends the resulting signal to the power amplifie.r, whlch 
in turn drives the speaker. The transfer fonction relating the controller output 
signal to the pressure m the duct at the speaker is the plant transfer fonction P. 
The pressure generated by the speaker mteracts with the disturbance propagating 
down the duct, reducing the amplitude and producing the residual sound wave 
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of amplitude e. In an adaptive system there would be a microphone m the duct 
downstream of the control speaker to sense thls residual. As we shall see later, 
thls residual, or error, signal and the reference signal can then be used in the 
controller electromcs to update, or adapt, the coefficients of the control filter. In 
addition to generating a sound wave that interferes w1th the sound propagatmg 
down the duct, the speaker also generates a sound wave which travels upstr~am 
to the reference ID1crophone, contaminating the reference signal. The filter C 1s 

a copy of the transfer fonction relating the controller output to the pressure at 
the reference microphone. It electronically removes the contaID111ation from the 
control speaker in the reference nncrophone before it reaches the control filter W 

The architecture m Figs. 18.28 and 18.29 has been discussed as if there were 
only one reference signal and one residual. ln fact, the controller need not be 
restricted to the SISO case. There cornmonly are cases with multiple references 
and multiple residuals. In fact, for feedforward systems the procedures for esti­
mating the optimum control filter W for the MIMO case as well as the SISO 
case are well in hand. In addition the block diagrams in Figs. 18.28 and 18.29 
are completely general and apply equally to SISO or MIMO systems. The only 
difference is that the blocks, which for SISO systems are transfer functions, for 
MIMO systems become transfer fonction matrices. 

Optimal Contrai Filter Estimation 

Tonal Disturbances. We will first consider the case of narrow-band, or tonal, 
disturbances. To do so, we will first modify the block diagram of Fig. 18.29 
by showmg a functional connection between the reference and the disturbance 
mdicated by the transfer fonction B, as shown in Fig. 18.31. Mathematically thls 
1s equivalent to setting T 1 and B = R·- 1

. A simple equation can be written 
for the residual e m terrns of the controller transfer fonction in Fig. 18.31: 

Reference 

e(w) = d(w) - P(w)W(w)r(w) 

Transfer 
function Uncontrolled 

disturbance + 
--------I. 

d 

Control filter 

Controller 
output 

G 

Plant 

FIGURE 18.31 Simplified feedfonyard block diagram. 

(18.22) 

Residual 

e 
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where w is the frequency of the disturbance, the other variables are defined in 
Fig. 18.31, and all of the variables are scalars. We canuse thls equation to express 
the autospectrum of the residual as Se,(w) = E{e(w)e*(w)}, 'where E{-} means 
the expected value. Subst1tuting Eq. (18.22) into this equation, we obtain 

See(W) = sdd(u>) - P(w)W(w)Srd(Cù) 

- P*(w)W(w)* Sdr(w) + IP 2 (w)ISrr(w)IW(w)21 (18.23) 

where means complex conJugate, Sdd is the autospectrum of the disturbance, 
Sr, is the autospectrum of the reference, = E {dr*} 1s the cross-spectra of 
the disturbance and the reference, and Srd E{rd*} is the· complex conjugate of 
that cross-spectrum. If we take the denvative of Eq. (18.23) with respect to W 
and equate it to zero and solve for W(w), we obtain 

W(w) p- 1(w)B(w) 

(18.24) 
where we have taken advantage of the fact that {S,d(w)/Sr,(w)} 1s an estimate 
of the transfer fonction between the disturbance and the reference. In Eq. (18.24) 
W 1s the optimum control filter. It consists of the mverse of the plant limes an 
estimate of the transfer fonction between the reference and the disturbance. Such 
a forrn for the control filter makes a lot of sense, because W is attemptmg to take 
the reference signal r and tum 1t mto the disturbance d. To do so, the filter must 
first remove the influence of the plant transfer function, whiGh is the purpose 
of the plant inverse. It then must mclude an estimate .of the transfer fonction 
between the reference and the disturbance, which is the purpose • of the terrn in 
brackets. 

If we substitute Eq. (18.24) into Eq. (18.23), we can obtain an estimate of the 
spectrum of the res1dual when this control filter is used: 

(18.25) 

This equation shows that for perfect correlation between the reference and dis­
turbance (d = yr), where y is constant, the spectrum of the res1dual goes to 
zero. 

Note that this approach does not guarantee that the control filter will be causal. 
As discussed m Sect10n 18.3, a causal filter 1s one whose impulse response îs 
zero for t < O. Causal filters can be formulated as FIR or stable IIR digital 
filters. Noncausal filters cannot. Consequently, a digital representauon of a non­
causal filter cannot be found for use in a control system. The filter 1s simply not 
realizable. 

In some cases using the above control filter can result in excessive demands 
on the actuators, m which case lt is usefol to be able to limit the output of 
the control filter. Control effort we1ghting is one means of reducing the actuator 
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effort. It can be included m the design equations for the filter by adding a term to 
Eq. (18.23), the equation for the res1dual. The term that is added is the weighted 
output of the controller given by 

(18.26) 

where a 2 1s a real pos1t1ve scalar that rmght be a function of frequency. By select­
mg mcreasmg values of a2 , the tn1nitn1zation of the res1dual can be adjusted. If 
œ2 is very small, the control filter will be designed as if there were no control 
effort weighting. If a 2 is large, the control effort will be reduced, and the per­
formance of the control system will also be reduced. Including Eq. (18.26) m 
Eq. (18.23) results in a control filter given by " 

(18.27) 

and the residual 1s given by 

{ 
IP2 (cv)I } { IP2 (cv)I } ISrd(cv)\

2 

See(cv) = Sad(cv) - IP2(cv)I + œ2(w) 2 - IP2(w)I + a2(w) Sr,(cv) 
(18.28) 

It is clear from this equation that as œ2 approaches zero the residual becomes the 
same as Eq. (18.25) w1th no control effort we1ghtmg. However, as œ2 becomes 
large, ➔ Sdd and the control perforinaftce is reduced. Similarly the spectrum 
of the controller output c (see Fig. 18.31) 1s given by 

2 1P2(w)\ IS,d(w)l2 

Scc(cv) = IW (w)ISr,(w) = {IPZ(cv)I +œZ(cv)}2 S,,(w) 

This equat10n shows that as œ2 increases the spectrum of the controller output will 
decrease, reducing the drive to the actuators. As a result mcreasmg the control 
effort weighting will decrease the actuator drive at the cost of mcreasmg the 
residual. 

Broadband Disturbances. For a pure-tone disturbance, Eqs. (18.24) and 
(18.27) proVIde the proper control filter representation (ampli_~de and phase) at 
the frequency of the disturbance. For a broadband disturbance, if the broadband 
filter defined by these equations 1s noncausal, as lt often is, then, a different 
approach that includes a constraint on causality needs to be employed to 
determme the optimum causal filter. We -can ensure that the control filter is 
causal by inserting the form of a causal filter mto Eq. (18.23) and carrying out 
the same optiniization procedure. Because it results in a set of linear equations, 
we will use the form of an FIR digital filter given by 

W(cv) 
N-1 

LWne~JwnLl.t 

n=O 

(18.29) 
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where N is the number of taps m the filter, Wn 1s the real amplitude associated 
with each tap, and l::,.t 1s the samplingpenod (1/sampling rate). Before substituting 
Eq. (18.29) into (18.23) we need to modify Eq. (18.23) slightly. Since we are 
now concemed with a broadband disturbance, we need to integrate the residual 
spectrum over the frequency range where control 1s desrred. Following the same 
procedure as for Eq. (18.23), we obtam for the optimum control filter the matnx 
equation 

(18.30) 

Co 

where 

Ap Re { ~ P(k)Srd(k)e-JPk(m/K)} 

c,,-m) ~ Re ( Ë { IP'(k) I + •'(k)) s,., (k),-J<,-m)k(Oo/K) l (18.31) 

and p = 0, L .. , N - I and m = 0, 1, .. , N - 1. In writing this equat10n, we 
have substltuted a discrete sum for the mtegrals. The knowledgeable reader will 
recognize that Eq. (18.31) 1s in the form of the discrete Fourier transform (DFT), 
allowmg for the efficient use of the fast Founer transform algorithm in the eval­
uation of the vector and matrix elements in Eq. (18:30). In the equations K is 
the number of elements in the DFT. 

Example. To illustrate these 1deas, we will compute the noncausal and causal 
control filters for a simple example. We will use the followmg parameters: 

p 

Srr = I 

â.)2 
0 

-w 2 + J 11cvow + w5 
T = 0.02 s Wo 

fo = 25 Hz 

17 

Sampling rate 

0.1 

200 Hz 

!Bw 

2n 
lVBW 
~=40Hz 
2n 

Filter length 100 taps 

(18.32) 

(18.33) 
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In thls case the autocorrelat1ons of the disturbance and reference are taken as 
unity. The cross-spectral dens1ty Sra shows a delay ,of T 0.02 s and includes 
a transfer function (in brackets) that decreases w1th mcreasing frequency. The 
plant P is a simple second-order system with a natural frequency of 25 Hz and 
a loss factor of 0.1. For the causal control filter estimation procedure we will use 
the indicated sampling rate and filter length. 

Figure 18.32 compares the frequency responses of the control filters estimated 
usmg the noncausal and causal estimation procedures. The two estimation pro­
cedures different filters but not markedly so. The difference is slightly more 
evident in Figs. 18.33a and 18.33b, where the impulse response of the control 
filter estimated using the noncausal approach and the filter tap coefficients of 
the filter from the causal procedure are compared. Bear in mind that if we plot 
the filter tap coefficients separated by the sampling period (0.005 s at 200 Hz 
sampling rate), we will obtain a graph corresponding to the impulse response 
of the filter. The two figures are similar except that m the noncausal impulse 
response there 1s a small increase near the end of the rime interval. Because of 
the periodicity of the impulse response of the filter obtained using tlle DFT, the 
increase at the end of the rime interval actually mdicates that the filter is respond­
ing before t 0 and consequently that the filter 1s noncausal. The effect m this 
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FIGURE 18.32 Control filter frequency response using the noncausal and cansal estl­
matlon procedures. 
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FIGURE 18.33 Companson of the impulse response of (a) the noncausal control filter 
and (b) the tap coefficients of the causal filter. 

instance is small; however, in later examples where we bring more realism into 
the calculation by including anti-aliasing filters and other practical cons1derations 
we will see much larger noncausal effects. Note that the tap coefficients of the 
filter estimated usrng the causal procedure show no such increase and the higher 
tap coefficients decrease to zero. 

The performance of th1s system usrng tlle c.i,usal control filter 1s shown in 
Fig. 18.34. The figure shows the ratio of the spectrum of the controlled residual 
to the spectrum of the uncontrolled residual (See(w)/Sad(w)} as a fonction of 
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FIGURE 18.34 Ratio of the res1dual to the disturbance using the control filter in 
18.32. 
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frequency out to the Nyquist frequency. Note that the performance of the non­
causal filter (not shown in the graph) would be predicted to be perfect, that 1s, 
• the res1dual would be zero for all frequencies. 

The performance shown in the Fig. 18.34 1s unrealistically large for a broad­
band active control system. This 1s a consequence of the fact that, at this stage, 
we have neglected to mclude other elements in the analysis that would add 
more realism to the estlmate, such as system delays, anti-aliasing filters, sensor 
noise, and so on. In addition the figure only shows system performance up to 
the Nyquist frequency (one-half the sampling frequency). As we shall. see m a 
later section, the digital control filter is periodic m frequency w1th a penod equal 
to the sarnpling frequency. Consequently, fue performance above the Nyquist 
frequency may also need to be controlled, espec1ally if fuere 1s significant energy 
in fue disturbance at those frequencies. We will see how this 1s doue m a later 
section. 

Adaptive Control 

In the previous section we discussed the design of a control filter to reduce 
optimally a chosen residual in a least-squares sense. In that derivatio.n the system 
to be controlled was assumed to be fixed. In reality the transfer funct10ns defining 
dynamrc systems often change w1th time. This means that those transfer functions 
must be measured penodically and the new results used to update the control 
filter coefficients. We will discuss thiil"process of system identification in fue 
next section. Here we examine an adaptive control algorithm based on the LMS 
algorithm that continuously updates the control filter coeffic1en.ts m order to 
minimize the chosen res1dual sensor s1gnals. The filtered-x algonthm, as 1t bas 
corne to be called, updates the control :filter coefficients at each time stef

9 The filtered-x LMS algonfum, a modificatron of the LMS algonthm co~; 
monly used for cancellation of electromc noise, was first proposed by Morgan. 
If used unmodified in an active cancellation system, the LMS algorithm can lead 
to mstabilit1es because the signal from fue controller must pass through fue plant ~ 

dynarnics where it will experience amplitude changes and phase shifts. The solu- • 
tion to this problem proposed by Morgan was also proposed mdependently by 
Widrow et al.65 and Burgess.66 Morgan's solution, which has corne to be called 
the filtered-x LMS algorithm, is used extensively today and has been generalized 
to MIMO systems by Elliott and Nelson.67 

Figure 18.35a shows a block diagram of a s1mplified feedforward control 
system. If we change the order of the plant and control filter m the block diagram, 
the response will be unchanged as long as fue system 1s linear. The resultlng block 
diagrarn is shown Fig. 18.35b. The result 1s a new reference signal u that 1s the 
onginal reference signal :filtered by the plant transfer function P. The residual of 
this new system can be written as 

Nw-1 

e(n) = d(n) - L w(k)u(n k) = d(n) wTu (18.34) 
n=O 
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FIGURE 18.35 Feedforward block diagrarn w1th and w1thout adaptation showmg the 
progression to the LMS filtered-x algorithm: (a) original diagram; (b) changmg the order 
of plant and control filter; (c) LMS algonthm; (d) filtered-x algonthm. 

where e(n) is the nth element of a time sequence e, d(n) 1s similarly defined, 
wT is the transpose of a vector, fue N w el~ments of which are the control .filter 
tap coefficients, and u is a column vector of the last N w samples in the filtered 
reference, which is g1ven by 

N,,,-1 

u(n) = L p(m)r(n m) (18.35) 
m=O 

where p is the impulse respQnse of the system estimate of the plant filter P and r 
is the reference signal time sequence. The block diagram showing the adaptation 
process is shown in Fig. 18.35c, and a slight rearrangement of the blocks in the 
block diagram m Fig. 18.35d results m fue specialized LMS algonthm called the 
filtered-x LMS algorithm. 

Unlike the direct-estimation approach in the prev1ous section in which the 
filter coefficients are estimated m a single calculation, the filtered-x algonthm 
uses an iterative approach wh1ch updates fue estimate at each time step. The 
update equation for the control filter is denved similarly to that for the LMS 
algonthm Adaptive Digital Filter Design in Section 18.3). The resulting 
equation to estimate the coefficients of w 1s. typ1cally written as 

w(n + 1) w(n) + 2µe(n)u(n) (18.36) 
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where 

{ 

w(O) 1 w(l) 
w(n) 

w(Nw -1) 

1s a column vector of the nth estrmate of the Nw control filter coefficients, w(0) 
is the first filter coefficient, w(l) is the second, and so on, 

{ 

u(n) 1 u(n - 1) 

u(n) = u(n - Nw + 1) 

is a column vector of the last N w samples in the filtered reference, and µ, 1s a 
scalar convergence coefficient set by the user to ensure stable convergence to the 
optimum filter coefficients. This equation 1s very sirnilar to that derived for the 
LMS algonthm, the only difference bemg that the filtered reference u(n) 1s used 
in the update equation rather than the reference itself. 

In Eq. (18.36) the larger 1s µ,, the faster the algonthm will converge to the 
optimum filter coefficients. However, ff·µ is too large, the algorithm will go 
unstable and will not converge. The convergence coefficient can be selected 
using the following rule of thumb58

: 

(18.37) 

where Nw is the number of control filter coefficients and E {u2
} is the mean­

square value of the filtered reference. Tlns 1s very sirnilar to the rule of thumb 
for the LMS algorithm presented in Section 18.3 except that the mean-square 
value of the filtered reference, E { u2 ), 1s substituted for mean-square value of the 
reference E{r2}. 

Equation (18.36) along with Eq. (18.35) states the SISO filtered-x algonthm. 
This algorithm bas enJoyed a great deal of popularity because 1t 1s very easy 
to 1mplement and fonctions well m the presence of errors m the plant estimate 
used to filter the reference. If the convergence rate is slow enough, the 
algonthm will still find the optimum filter coefficients even in the presence of 
plant phase errors of up to 90° 64 In addition, the algorithm can be very effective 
m maintaining control even if the reference is nonstationary. Finally, 1t is possible 
to introduce something comparable to control effort weighting as discussed in 
the prev1ous section. In the filtered-x algonthm this is referred to as leakage. By 
reducing the control filter coefficients by a small percentage at each time step,59 

the effect 1s sirnilar to broadband control effort weighting. 
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Example. To illustrate the application of this algorithm, we will utilize it to 
design an optimum filter for the system of the prev1ous section. To do so, we will 
require the impulse response function (IRF) associated with the cross-spectrum 
between disturbance and reference, Sra, and the IRF of the plant, P. We obtain 
these by srmply inverse Founer transformmg the FRF functions m (18.32) 
and (18.33), r?~·rn,r•tn,Plu and retaming a sufficient number of terms to ensure 
that we capture all of the impulse response. Figure 18.36 illustrates the two IRFs. 
The plant IRF 1s a decaying sinusoid with a frequency of 25 the natural 
frequency of the plant. The cross-spectrum IRF shows the delay of 0.02 s intro­
duced mto the model. We will retam the full 1 s duratlon (200 taps at a sampling 
rate of 200 Hz) of the IRFs m the figure, although 1t would probably be suffi­
cient to retam substantlally less. The filter coefficients obtained using the direct 
[Eq. (18.30)] and filtered-x [Eqs. (18.35) and (18.36)] estimation procedures are 
compared m 18.37, and the frequency response functions are compared in 
Fig. 18.38. There are clear differences between the two control filters that may 
be a consequence of the fact t;b.at the filtered-x procedure is still converging. That 
the procedure 1s still convergmg can be seen m Fig. 18.39, which shows a time 
history of Qi.e residual, or controlled disturbance. Even after over 80 s the residual 
still shows a tendency to decrease. Figure 18.40 shows the ratio of the spectrum 
of the controlled disturbance to the spectrum. of the uncontrolled disturbance as 
a fonction of frequency at the end of the time mterval in Fig. 18.39. Also shown 
in the figure 1s the same ratio for the direi::t-estirnation procedure. In this case 
the two procedures comparable results despite the differences m the control 
filters. 
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FIGURE 18.36 Impulse response funcuons for Srd (top) and the plant, P (bottom). 
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Contrai of Aliasing Effects 

In the previous sections we have focused on control of the ,disturbance below 
the Nyquîst frequency. In fact, because digital filters are periodic in the fre­
quency doma:m with a period equal to the sampling frequency, we must also 
concern ourselves w1th the performance above the Nyquist frequency, especially 
if the disturbance has significant amplitude there. Figure 18.41 shows the ratio 



766 ACTIVE CONTROL OF NOISE AND VIBRATION 

Causal periorrnance 

30 

20 

CD 

-3 
"O 

ô 
~ 
a: 

-20r' 

-30 

--40 

Frequency, Hz 

FIGURE 18.41 Change m the ratJ.o of controllect to uncontrolled disturbance beyond 
the Nyqmst frequency. 

Reterence 
r 

~-------...! B 1---~D~i~stu_r_ba_n_ce ______ __.,.-i- 1 i: Residual 
,;\ d e 

Controller 

FIGURE 18.42 Feedforward block diagram further simplified (adaptat10n blocks not 
shown). 

of the controlled-to-uncontrolled disturbance beyond the Nyquist frequency for 
the direct-estimation case in the previous section on optimal control filter esti­
mation. Above ~125 Hz the figure shows that the control system will amplify 
the disturbance. To control this out-of-band amplification, one usually employs 
anti-aliasing filters, low-pass filters that minimize energy above the Nyqmst fre­
quency entenng the controller. In addition, there are other low-pass filters and 
delays that should be mcluded in a more realistic model of ·the active control 
system. To that end Fig. 18.42 shows the controller expanded into five blocks. 
First the analog reference signal needs to be digitized before the controller can 
utilize 1t. That is the function of the A/D converter shown as the second block 
in the controller. The first block is a low-pass filter called the anti-aliasing filter. 
Its cutoff frequency is usually set slightly below the Nyqmst frequency m order 
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to reduce aliasmg in the digital controller, as described above. The thrrd block 1s 
the digital control the output of which is fed to a D/A converter to couvert 
the digital s1gnals to analog s1gnals. The DIA converter is usually a sample-and­
hold device that produces a signal with discrete steps or JUmps at the sampling 
rate. Consequently, there is usually a low-pass filter at the output of the DIA 
converter, typically called a reconstruction filter, to smooth or reconstruct the 
signal. This filter 1s typ1cally the same as the anti-aliasing filter, although there is 
no requrrement that the two filters be the same. The output of the reconstruction 
filter is an analog signal, c, that 1s applied to power electromcs that will m turn 
dnve a speaker or other actuator. The plant, P, accounts for all of the dynamics 
relatmg the controller output to the control signal, wh1ch cancels the disturbance 
d. In desigmng the control filter there may be s1gnificant delays associated with 
the anti-aliasing filter, the reconstruction filter, and the D/A converter, wh1ch 
need to be included m designing and evaluating the control filter. The delays 
associated with the A/D converter are usually small and can, in most cases, be 
neglected. The delays associated w1th the DIA converter, on the other hand, are 
on the order of half a sample penod and usually need to be included m the design 
and evaluation process. To carry out the analys1s, the anti-aliasmg filter, recon­
struction and sample-and-hold delay (D/A converter) are usually lumped 
m with the plant transfer function. The DIA converter 1s typically modeled by a 
simple delay of one-half of the sample penod. The total plant then becomes 

(18.38) 

where 1:;.T 1s the sample period and U 2 (w) is the product of the frequency 
response functlons of the anti-aliasmg and reconstruction filters. To illustrate the 
impact on the design process and on the resulting performance, we will select 
an anti-aliasmg filter and go through the design process once again using the 
same plant and disturbance-to-res1dual transfer funct10n as used in Section 18.4 
and g1ven by Eqs. (18.32) and (18.33). As will be discussed m Sect10n 18.6 
under Hardware Selection, there is a w1de vanety of low-pass filter types that are 
commonly used for anti-aliasing and reconstruction, such as Butterworth, Bessel, 
and elliptlcal (Cauer), to name Just a few. In this example we will use the third­
order elliptical filter whose :frequency response function is shown m Fig. 18.43. 
The filter has a cutoff :frequency of 70 Hz, slightly below the Nyquist frequency, 
and the ratio of passband to stop-band amplitude 1s nommally 50 dB. 

Usmg the direct-estimation procedure outlined m Section 18.4 under Optimal 
Control Filter Estimation, we obtain the causal control filter whose :frequency 
response is shown in Fig. 18.44. Also shown m the figure 1s the noncausal control 
filter g1ven by B(w){U 2(w)P(cv)}- 1 eJwAT/Z The frequency response functions 
of the two filters are clearly qmte different, but the difference 1s more clearly 
seen in 18.45a and b, where the impulse response function of the noncausal 
control filter and the filter coefficients of the causal control filter, respectively. 
are compared. The noncausal filter IRF shows a strong increase at the end of the 
time mterval, which, as explained earlier, indicates that the filter responds before 
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FIGURE 18.45 Companson of (a) the noncausal control filter impulse response func­
t1on and (b) the filter coefficients of the causal control filter. 

it receives an mput signal and is clearly noncausal. The filter coefficients of the 
causal filter, on the other band, decay away to zero. The performance of the 
active control system is shown m Fig. 18.46. The figure shows the ratio of the 
controlled disturbance spectrum to the uncontrolled spectrum. The performance 
bas clearly been degraded, especially in the vicinity of the Nyquist frequency. 
Nevertheless, the out-of-band amplification clearly visible in Fig. 18.41 has been 
completely removed through the use of the anti-aliasing and reconstruction filters. 

System Identification 

The control algorithms discussed in the previous sections require mtemal models 
of the transfer functlons between the outputs of the controller (i.e., the signals sent 
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to the D/A converters) and the mputs to the controller from the residual sensors 
(i.e., outputs from the A/D converters). These transfer functions are commonly 
referred to as plant transfer functiôns. The procedure used to measure these trans­
fer functions (or equivalently impulse response fonctions) is referred to as system 
zdentiftcation. In this section, we discussed system identification approaches that 
apply to feedforward controllers. 

Since most control algonthms require plant models for the control algorithms 
to converge to (or solve directly for) the optimal control filters,58 system 1dentifi~ 
cab.on must be performed pnor to any adjustments to the control filters. As such, 
when system identification is performed with control filters set to zero (i.e., ail 
coefficients are equal to zero), 11 is referred to as "open-loop" system identifi­
cation. It denves thls name because the system identification algorithms are run 
when the control loop is open (i.e., no signais are allowed to pass through the 
control filters). The plant estimates obtamed dunng open-loop system identifica­
tion are used to initialize the plant models within the controller to support the 
control algorithms that subsequently adjust the control filter coefficients. 

For systems where the plant transfer fonctions are expected to be time invari­
ant (i.e., they do not change characterist1cs as a fonction of time), the plant 
estimates obtamed during open-loop system identification can be held constant 
as the control filter coefficients are adjusted. It is more common, however, to 
expect that these transfer funct10ns will change over time. These changes may 
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occur because of changes in environmental condit10ns (e.g., temperature, pres­
sure), changes m the operating conditJ.ons of the system to be controlled (e.g., 
speed, load), or the presence of extemal factors ( e.g., number and movement of 

~ passengers in an automobile). 
There are two basic approaches to account for tlille-varymg transfer funct10ns 

that may be encountered in ANVC systems: the use of robust control algorithms 
and periodic system identification. Control algorithms are often formulated to 
allow for certam levels of uncertainty associated with the intemal plant models. 
For example, the magmtude and phase response of the plant at a given frequency 
may only be known to within, say, ±2 dB in magmtude and ±10° m phase. 
In effect, these algonthms recogmze that the mtemal plant model is "close" 
to the actual plant transfer function but not exact. Control algorithms that are 
stable and prov1de performance in the presence of thls plant uncertainty are 
called "robust." For example, the filtered-x LMS algorithm 1s robust to errors in 
the plant model of up to 90° 68 The second approach ±o account for time-varymg 
transfer functions is to perform system identification at the same time that control 
filter coefficients are bemg adjusted. This approach provides periodically updated 
plant models to the control algonthms that track changes in the plant over time. 
System identification performed m thls manner is referred to as closed-loop or 
concurrent since lt occurs while the control loop is closed. 

In practice, a combination of botli approaches 1s 'Ç)ften reqmred to account 
for tlille-varymg plants while at the same time maxirnizmg achievable system 
performance. Control algorithrns that rely on exact models of the plants to be 
controlled can offer maximum performance but are also very sensitive to slight 
changes m the plant transfer function. As such, small changes m the plant can 
lead to mstability, and for this reason such systems are rarely used in practice. 
On the other hand, algonthms that make do w1th very inaccurate plant models 
will often provide very little performan.ce. As such, there 1s a trade-off between 
control system robustness and performance. These trade-offs ultimately mfluence 
the approach chosen for system identification. 

We now discuss procedure~ for open- and closed-loop system identification 
that are applicable to feedforward control systems. Consider first the feedfor­
ward system of Fig. 18.47. For thls system, the plant, P, is the transfer function 
between the output of the control filter, y, and the response of the residual sen­
sor, e. Though.not shown explicttly, the plant transfer fonction P 1s assumed to 
mclude the following: DIA sample and hold, smoothlng filters, transfer function 
through the structure to be controlled, anti-alias filters, and A/D converters. An 
open-loop estimate of P can be performed by setting füe coefficients of the con­
trol filter, W, to zero and injecting a band-lirnited probe signal v into the output 
of the control filter. The probe signal is therefore a digital signal that adds to 
the output of the control filter y to produce a net signal c at the output of the 
controller. 

The bandwidth of the probe signal is chosen to span the frequency range over 
which control performance is desired. For a tonal control problem, where the 
tone is nommally fixed in frequency, the probe signal may span only a few hertz. 
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FIGURE 18.47 Probe signal iI1Ject1on for system identificatwn m a feedforward system 
w1th no coupling between actuators and reference. 

For broadband control, the probe signal bandwidth 1s often chosen to extend 
margmally beyond the control bandwidth to ensure an accurate plant estimate 
throughout the bandwidth for control. 

The transfer fonction between the probe, v, and the res1dual, e, can be estt­
mated m the frequency domam usmg the i;xpress10n 

where P = estimate of plant transfer fonction P 
Sv, = cross-spectrum between probe and residual 
Svv = autospectrum of probe 

(18.39) 

This expression will provide an unbiased estimate of the plant transfer fonction 
for W O (i.e., open-loop system identification) as well as for W =f. 0 (i.e., 
closed-loop system identification) provided the probe signal is uncorrelated with 
the disturbance and su:ffic1ent averaging time 1s allowed to obtain good estimates 
of Sv,-

An estimate of the plant transfer fonction in Fig. 18.47 can be made in the 
frequency domam usmg Founer transforms of the probe and residual s1gnals as 
outlined above. Altematively, an estimate of the plant impulse response can be 
obtained usmg the optimal or adaphve FIR filter design procedures discussed in 
Section 18.3. 

An example of system identification usmg the LMS algorithm integrated mto 
a filtered-x control algorithm is depicted in Fig. 18.48. The filtered-x algorithm 
adapts the coefficients of the control filter W the filtered reference signal 
and a modified residual signal (see later) as inputs. A separate LMS algonthm 
is used to 1dentify the plant impulse response as shown in the lower port10n 
of the figure. A probe signal v is mJected mto the control loop and suros w1th 
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FIGURE 18.48 System identification Ûsmg the LMS algonthm, embedded withm fil­
tered-x LMS controller. 

the output of the control fi]ter. The probe signal 1s also filtered by the adaptive 
FIR filter that 1s labeled P Finally, the ,probe signal is an mput signal to the 
L\1S algonthm that adapts the coefficients of The output of P 1s summed 
with the res1dual signal e to form the error signal g, wh1ch 1s the second input 
to the LMS algonthm adapting the coefficients of P. The coefficients of fa are 
adapted to rninimize the contribution in g that 1s correlated w1th the probe, v, 
in a least-squares sense. An optimal estimate of fa is achieved when the LMS 
error signal g becomes uncorrelated w1th the probe, v. The coefficients of fa are 
cop1ed penodically mto the filter, Pcopy, which filters the reference signal r, as 
reqmred by the filtered-x LMS control algortthm. 

Followmg the development of Section 18.3 under Adaphve Digital Filter 
Design, the update equaüon for the plant est1mate 1s 

p(n + 1) p(n) + 2µ.,v(n)g(n) (18.40) 

where 

i? = [p(O), p(l), p(2), ... , p(l (18.41) 

vT(n) [v(n), v(n 1), .. , v(n - I + 1)] 
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We note here that the convergence behavrnr of the LMS algonthm of 
Eq. (18.40) is improved if the portion of the residual signal correlated with the 
reference 1s removed before bemg used as mput for the plant estnnate. This eau 
be achieved by mcluding a thrrd LMS algonthm w1th the reference and residual 
s1gnals as inputs, and the modified residual signal as output. The update equat10n 
1s s1milar to that m Eq. (18.40). Though not shown explicitly in Fig. 18.84 to 
preserve clanty, this approach was used for the adaptive feedforward control 
example presented near the end of this chapter (MIMO Feedforward Active 
Locomotive Exhaust Noise Control System w1th Passive Component) and is 
illustrated there in Fig. 18.93. 

A consequence of bemg able to penodically update the model of the plant 
using the system identificat10n procedure outlined in Fig. 18.48 is that the mjected 
probe signal will increase the residual signal e. For purposes of system 1dentifi­
cation, it 1s desrrable to used high-level probe signals because the probe signal 
will dommate the response at the residual sensor, and consequently accurate plant 
estimates can be obtained ma shorter length of time. Dunng open-loop identifica­
tion of ANVC systems, it 1s often acceptable to use high levels of probe signals. 
During closed-loop operation, however, the use of high-level probe signals 1s not 
acceptable smce performance gains achieved as a result of the control filter will 
be overwhelmed by the presence of the probe s1gnals reaching the res1dual. As 
a consequence, low-level (i.e., covert) probe s1gnals are reqmred during closed­
loop operation.* The drawback to usmg low-level probes is that the plant estirnate 
will adapt slowly and will not be ablé'îo~ack changes in the plant that occur 
over relatively short time frames. '\\l'hen this is the case, the control algorithms 
must be adjusted to deal with larger levels of uncertamty in the plant models or 
alternative strategies mvolvmg gain scheduling69 must be cons1dered. 

For systems where the time constants of plant changes are large relative to 
the adaptatmn time of the LMS algonthm when usmg low-level probes, the 
system identificatrnn approach of Fig. 18.48 has been used effectively. For these 
cases, the probe s1gnals can be generated using low-level band-lirruted "white" 
noise. However, fixed-level, white-noise probe signais are not necessarily the 
best choice. In particular, drawbacks of usmg white-n01se probes include the 
followmg: 

• The magmtude of the probe signal is held constant. Therefore, as the mag­
nitude of the disturbance mcreases, the effective convergence rate for the 
plant filter will decrease. Alternatively, as the disturbance decreases relative 
to the probe, the convergence rate will increase at the expense of increasmg 
the level of the closed-loop res1dual s1gnals. 

• The spectral shape of the probe signal is mdependent of the spectral shape 
of the residual signal and plant transfer function. Consequently, the quality 
(e.g., estimation errors) of the plant est1mate will vary as a function of 

'Typically the probe sigrutl 1s s1zed such that the resultmg signal at the residual seusors 1s nomJnally 
6 dB below the closed-loop signal (absent the probe) m those sensors. 
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frequency. This can lead to temporary losses m system performance for 
control of slewing tonals and nonuniform control of broadband noise. 

For ANVC applications where white-noise probes may not be appropriate, 
probe-shapmg algorithms can be employed to generate probe signals that pro­
vide plant estimates w1th nominally uniform estimation errors as a function 
of frequency. Further, these algonthms can account for changes in the distur­
bance spectrum and plant transfer functions over time.70- 72 Probe generation 
approaches are depicted collectively by the probe generatton block m Fig. 18.48. 

The final aspect to discuss concermng Fig, 18.48 is possible mteractmn 
between the filtered-x LMS algorithm adapting the control filter and the LMS 
algorithm adapting the plant estlmate. In particular, we consider the effects 
of probe signal mJectlon on convergence of the control filters. Note that the 
iIJJected probe signal used for system identificatmn contributes to the net res1dual 
signal e, which 1s typ1cally used to adapt the control filter coefficients usmg the 
filtered-x LMS algorithm. The contribution from the probe s1gnal 1s, by design, 
uncorrelated with the reference signal r, Howev.::r, lts presence m the residual 
signal will nnpact the instantaneous res1dual signal used in the gradient estimate 
and reduce the convergence speed of the filtered-x algorithm. As a consequence, 
1t 1s beneficial to remove an estirnate of the probe's contribution to the res1dual 
signal by subtracting the output of the filter, P (labeled q m Fig. 18.48), from 
the res1dual, e. This modified residual signal (labeled h in Fig. 18.48) is then 
used to adapt the control filter coefficients using the filtered-x LMS algorithm. 

Up to this pomt, we have assumed that any coupling from the actuators back 
to the reference sensors 1s negligible (i.e., suf:ficiently smalt that 1t can be ignored 
with respect to system performance and stability). This is not always the case. In 
general, there eX1sts phys1cal coupling which must be accounted for by both the 
control algonthm and the system identification algonthms. Control algonthms 
that account for this path mclude feedback neutralizatwn and Eriksson' s filtered­
U algonthm, both of which were discussed in the previous section. A fully 
adaptive filtered-U algonthm that includes concurrent system identification is 
discussed by Eriksson and Allie. 61 In those mstances where the phys1cal coupling 
to the references becomes so strong that electromc cancellation of the coupling 
may be meffective, other approaches must be employed to mmimize the physical 
coupling, such as the use of directional reference sensors and selection of alternate 
sensors. 

Figure 18.49 shows the inJectlon of a probe signal m a feedforward system 
that contains coupling C from the controller output to the reference input and 
neutralization fi1ter ê in the controller to minirruze the effects of this feedback 
path. The procedures for open-loop identification of the coupling transfer functrnn 
C follows from the discussion above for identifymg P, prov1ded the reference 
signals are used in place of the residual signals. As such, unbiased estrmates of the 
coupling transfer funct10n can be obtained durmg open-loop operation, provided 
that the probe signal 1s uncorrelated w1th the disturbance. During closed-loop 
operat1on, however, transfer functions from the probe signal to the residual and 
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FIGURE 18.49 Probe signal mJection m feedforward system with coupling to reference 
sensor and feedback neutralization filter. 

reference sensors no longer provide unbiased estimates of P and C. Instead, 
these transfer fonctions include the loop gam associated with the feedback loop 
comprised of the coupling transfer fonctton, neutralization filter, and control filter. 

Followmg the nomenclature of Fig. i8~49, these transfer fonctrnns are given 
by 

Sve -P 
Ge=-=-------=--

Svv 1 - ( C - C) W 

Svr C 
Gr = - = ------

Svv 1 - ( C - C) W 
(18.42) 

These expressrnns for Ge and G c contam the desrred transfer fonctions for P 
and C m the numerator, but both contam the impact of the feedback loop in the 
denommator. The denominator term can be isolated by estimating the transfer 
fonction from the probe signal to the controller output signal c. This transfer 
fonctrnn is given by , 

Svc 1 
Gc=-=------

Svv 1 - ( C - C) W 
(18.43) 

Asymptotically unbiased estimates for the plant and coupling transfer fonctions 
can then be obtained by combming Eqs. (18.42) and (18.43) such that 

A -Ge 
P=-=P 

Ge 
(18.44) 

This approach for closed-loop identification is known as the joint mput-output 
method. 73 Estimates of P and C can be made m the frequency domain by esti -
matmg the cross-spectra in Eqs. (18.42) and (18.43) and takmg the ratios as 
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indicated m Eq. (18.44). Altematively, multiple-embedded LMS algorithms could 
be employed to adapt estimates of P and C on a sample-by-sample basis. 

Although we have discussed the Joint input-output method applied to a feed­
forward system with feedback to the reference sensors, it is a general approach 
that is applicable to traditional feedback systems. As such, this method of concur­
rent system identification can be used to iinplement fully adaptive feedforward 
and feedback control systems. Further, the method is valid for use dunng open­
and closed-loop operation. An example of a folly adaptive feedback control 
system using this approach to system identification when applied to an active 
machmery mount can be found m Berkman et al.,74 Curtis ~t al.,75 and Berkman 
and Bender76 and 1s mcluded here as an example in Sect10n 18.7 under Active 
Machinery Isolation. 

Extension to MIMO Systems 

The equations and examples so far have considered only SISO controllers. In 
many instances there will be the need to design controllers that can handle mul­
tiple inputs and/or multiple outputs. While a complete consideration of the issues 
mvolved m the design of MIMO systems is beyond the scope of this chapter, 
we provide here a brief look at the algonthms for the design of optimum MIMO 
control filters. 

Let us begm by defimng a not10nal MIMO systei;n like that shown m 
Fig. 18.50, where K reference signals, r, are applied to a control filter which 
in turn generates M output signals, u, to dnve actuators on the system to be 
controlled. The system has L control sensors to momtor the system performance. 
Since there are multiple mputs and multiple ou!l)uts to each, of the blocks m 
Fig. 18.50, the vanables m the blocks B(w), W(w), and P(w) no longer represent 
scalar transfer fonct10ns but must be transfer fonction matnces. For example, if 
there are M actuators drivmg the plant and L control sensors momtonng the 
system response, the plant transfer fonction P ( w) between the sensors and the 

K References r 

Contrai filter 

Transfer 
function 

M Actuators u 

L Uncontrolled d + 1 L Residuals 8 

disturbances 

Plant 
L Sensors [P] ,-----

FIGURE 18.50 National MIMO contrai system. 



778 ACTIVE CONTROL OF NOISE AND VIBRATION 

actuators becomes the matrix of transfer fonctions ( P ( w)]: 

[ 

Pu(w) 

[P(w)] = P21:(w) 

PL1 (w) 

(18.45) 

where the Pnm(w) are each frequency response fonctions relating sensor output 
n to actuator mput m. 

In Eq. (18.24) we defined an optimum SISO control filter for tonal disturbances 
given by W(w) = P(w)- 1 B(w). It turns out that the optimal ML.\1O control filter 
1s g1ven by a very s1milar expression if the plant 1s a square transfèr fonction 
matrix, that 1s, L M: 

(18.46) 

In the equation the square brackets indicate that the variables are transfer func­
tion matrices and not scalar transfer fonctions. For the more general case of a 
nonsquare plant rnatrrx of K rows and L columns the same expression applies 
except that the pseudomverse of the plant matrix is substituted for the normal 
inverse: 

where the pseudoinverse of the plant, [P(w)l, is given by 

for K :,s L 
for K > L 

(18.47) 

where [·]H means the complex conjugate of the transpose of the matnx. Since 
for broadband disturbances Eq. (18.47) can result in noncausal contrai filters, 
there 1s a need to apply causality constramts to the MIMO filter design process 
similar to those applied to the SISO case m Section 18.4 under Optimal Control 
Filter Estimation. Unfortunately the derivation of the direct-estimation equations 
for the optimal MIMO control filter 1s very involved and beyond the scope of 
this chapter. The rnterested reader 1s referred to reference 77. 

Fortunately the MIMO filtered-x algorithm is much simpler than the JVIIMO 
direct-estimation algonthm, and the equations have been developed by Nelson 
and Elliott 16,67 The residual that we are seekmg to minirnize is by 

M J-1 

e1(n) dz(n) L L PzmjUm(n j) (18.48) 
m=! 1=0 

where P1m1 1s the 1th filter coefficient of the plant transfer fonction relating the 
ith sensor output to the mth actuator input, M is the number of actuators, J 1s 
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the length of the digital representatlon of the plant transfer fonctions, and um is 
the mth output of the contrai filter driven by the K references as indicated in the 
equation 

K I-I 

Um(n) L LWmkirk(n i) (18.49) 
k=l 1=0 

In this equation Wmki 1s the ith coefficient of the control filter relating the mth 
actuator drive signal to the kth reference, I 1s the length of eac~control filter, 
and rk is the kth reference signal input to the control filters. The MlMO filtered-x 
update equation for each control filter coefficient 1s given by 

L 

Wmki(n + 1) = Wmki(n) + 2µ L ez(n)qlmk(n i) (18.50) 
1=1 

where Wmki(n) is the exisùng estlffiate of the ith filter coefficient for the control 
filter connecting reference k to actuator m, Wmki (n + 1) 1s the new est1mate, and 

J-1 

qzmk(n) = Pzmjrk(n j) 
J=◊ 

(18.51) 

Equation (18.50) 1s the MIMO filteréd-x control filter update equat10n for mul­
tiple references, multiple sensors, and multiple actuators. It is s1milar in form 
(except for the sum over control sensors) to the SISO case, since the coeffi­
cients are updated by the product of the res1dual and the reference filtered by 
the plant transfer functlon. Its simple form allows for easy, computationally effi­
cient implementation and, as a consequence, has become a very popular MIMO 
algorithm for feedforward applications. Furthermore, as we shall see m the next 
section, It can also be applied to feedback systems. 

18.5 FEEDBACK CONTROL SYSTEMS 

Basic Architecture 

The block diagram of 18.51 shows the basic architecture of a SISO feedback 
control system. Such a block diagram might arise frorn the notional physical 
system shown in Fig. 18.52. The physical system cons1sts of a second-order 
oscillator with a control sensor, an accelerometer for exarnple, to momtor the 
rnoüon of the mass. In addiüon there is a control actuator wh1ch can apply 
forces to the mass to control 1ts motion. In the block diagrarn the residual, e, is 
the output signal from the res1dual sensor. That output 1s fed to a control filter, 
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FIGURE 18.52 Notional system with a feedback controller. 

e 

wh1ch 1s shown as W in the block diagram. The control filter output dnves an 
actuator that is used to control the motion of the mass. 

The plant transfer funct10n P m the block diagrarn relates the control filter 
output signal, which drives the actuator to the res1dual sensor output. In Fig. 18.51 
the control filter drives the actuator in such a way as to reduce the input to the 
control filter. This 1s in contras! to feedforward systems m which the input to the 
control filter is a reference signal correlated with the disturbance. In one sense, 
feedback control systems can be thought of as feedforward systems in which the 
reference and control (residual) sensors are the same. 

The solution for the closed-loop response is by 

(18.52) 
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Clearly the res1dual will be small if P W » l, and m the limit the res1dual 
amplitude will become 

(18.53) 

The quantity PW is referred to as the loop gain and the residual amplitude will 
be inversely proportional to the loop gam. Consequently, good performance from 
a feedback controller will be achieved if the loop gam is made suffic1ently large. 
In addition, when the loop gain is large, the phase of PW is lillIDaterial to the 
performance such that if the control filter deviates somewhat from its design 
goals the performance will suffer only mimmally. 

The above discussion makes the design of a feedback control filter seern easy. 
Unfortunately, stability considerations limit our ability to increase the loop gain 
without limit. Stability issues will be discussed more fully below under Alter­
nate Suboptimum Control Filter Estimation, where the compensator-regulator 
approach to feedback control filter design is discussed. 

Optimal Contrai Filter Estimation 

The literature dealing with the design of optimal feedback controllers 1s vast and 
beyond the scope of what can be reasonably mcluded m this chapter. Instead 
we will focus on two approaches-one optimal and one suboptimal-that each 
prov1de tools for the design of SISO or MIMO controllers. The collection of 
methods often referred to as modem optimal control theory will not be dealt 
w1th here. Those methods, while prov1ding powerful tools for conttol filter design 
when an analytical model of the plant dynam1cs is available, anf not especially 
well suited to the types of problems where only measured data on the plant 
dynaID1cs are available. While curve-fitting techmques can be utilized to obtain an 
analytical model that approxirnates the measured data, rnany of those techmques 
begm to founder if the order of the system model (number of states) becomes 
too large. For a sampling of the technology m this field the interested reader is 
referred to references78 - 81 

In this sect10n, we focus on what has corne to be called the Youla transfonn 
or inner model formulation. Through selection of a particular feedback architec­
ture, the Youla transfonn allows the feedback problem to be transformed mto a 
feedforward problem, making lt possible for the fèedforward control filter design 
techniques in Section 18.4 to be used for feedback. In addition, because the sys­
tem is effect1vely transformed to a feedforward system, the resulting system is 
guaranteed to be stable, prov1ded an accurate digital mode] of the plant has been 
utilized. 

18.53 shows a srmplified block diagram of the Youla transform. In the 
a second feedback loop has been mserted around the control filter. In that 

second loop a digital filter approximating the plant transfer function has been 
inserted. The tenn inner model is often used when refemng to this approach, 
precisely because a digital mode] of the plant 1s mserted into the control filter. 
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.FIGURE 18.54 Feedforward system resultmg from the Youla transform. 

By makmg this change in the architecture of the feedback system, we have 
modified the transfer fonction from that shown in Eq. (18.52) to the following: 

e(w) = {1- P(w)W(w)}{l + (P(w) - P(w))W(w)}- 1d(w) 

Note that if P is a good match to P, then Eq. (18.54) simplifies to 

e(w) {1- P(w)W(w)}d(w) 

(18.54) 

(18.55) 

Equation (18.55) is the equation for the residual of a feedforward system, the 
block diagram for which is shown in Fig. 18.54. The resulting block diagram 
1s identical to the feedforward block diagram in 18.31 if the transfer fonc­
tion B(w) is set to unity. Consequently, virtually all of the control filter design 
equations m Section 18.4 can be applied to a feedback system to which the Youla 
transform has been applied provided B(w) 1. From Eq. (18.24) the noncausal 
control filter becomes 

(18.56) 
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For the filtered-x algorithm Eqs. (18.35) and (18.36) can be applied to the Youla 
transform feedback system by s1mply changing the reference tlme sequence r(n) 
m the equations to the disturbance time sequence d(n) in Fig. 18.54: 

w(n + 1) w(n) + µ,e(n)u(n) (18.57) 

where w(n + 1) is the new vector of filter coefficients, w(n) is the old vector, 

l u(n) l 
u(n) = u(n 1) 

u(n - Nw + 1) 

Nw-l 

u(n) = L p(m)d(n - m) 
m=O 

and p(m) 1s the mth fil ter coefficient of the FIR filter representation of the plant 
frequency response fonction P(w). 

The equations for detenninmg the optimum feedforward control filter with 
causality constraints using the direct-estrmation approach can be sirnilarly em­
ployed by simply mterchanging the disturbance d for the reference r. In th1s 
case what are affected are the autospectra and cross-spectra in the equations. 
Modifying Eqs. (18.30) and (18.31), we obtarn for a control filter with N taps 

where the coefficients 1ll the matrix equation become 

Ap = Re {.l~ PSdde-;pwb.tdw} 

Re {.l~ {I P 2 1 + ci}Sdde-j(p-m)wM dw} 

(18.58) 

(18.59) 

where p, m O. 1 .... N - I, Sdd is the autospectrum of the disturbance, and a2 

1s the control effort we1ghting factor. 
For MIMO systems the equatlons of Section 18.4 under Extens10n to Mli.\1O 

Systems can be similarly adjusted for the design of a MIMO controller in the 
Youla feedback architecture. 

The transformation ofEq. (18.54), a feedback system, mto Eq. (18.55), a feed­
forward system, only occurs if P = P Consequently, one would expect that 
the digital representation of the plant transfer function would have to be fairly 
accurate. If lt is not, the term 

{1 + (P(w) P(w))W(w)}- 1 (18.60) 
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may mdeed lead to mstability if the error rn the plant model 1s large enough. 
If we substitute E(0) for the difference between the true plant and the digital 
representation, Eq. (18.60) becomes 

{l + E(0)W(w)}- 1 (18.61) 

A sunple critenon to ensure that the feedback system remains stable is to reqmre 
for ail frequenc1es where the controller is functioning that 

IE(w)W(0)I < 1 

where 1 1 means the absolute value. Furthermore, it can be 
IE(w)W(w)I = IE(w)IIW(w)I. Consequently, we can write a 
the maximum allowable error m the plant model: 

IE(w)I = I.P(w) - P(w)I < _/3_ 
- IW(w)I 

0</3<1 

(18.62) 

shown that 
criterion for 

(18.63) 

where the criterion applies to all frequenc1es w~here the control system is function­
ing and /3 prov1des some stability margin. For example, if f3 = 0.1, Eq. (18.63) 
will provide, at least, 20 dB of stability margin. This is a very simple critenon 
requrrmg that we know only the ampiitude of the control filter as a fonction of 
frequency. No phase information is reqmr,ed. However, it 1s also very conserva­
t1ve, and systems that v10late 1t may not necessarily be unstable. A more 
method for detennining stability is to employ the Nyquist criterion, which we 
will discuss m the next section. Note that a similar critenon can be fashioned for 
MIMq systems based on the maximum smgular values of the matrices [E(w)] 
and [P(w)]. The mterested reader is referred to references 80 and 81. 

Alternate Suboptimum Control Filter Estimation 

Compensator-Regulator Architecture. The compensator-regulator approach 
to feedback controller design results m a suboptimal system but provides useful 
msights into functions performed by the controller by breakmg the control filter up 
into a cascade of two filters, as illustrated m 18.55. The compensation filter 
is des1gned to approximate the ·plant inverse and compensate for its amplitude 
and phase over a range of frequency, wh1ch we will refer to as the cornpensat10n 
band. Consequently, if the compensat10n filter 1s given by 

(18.64) 

then we conclude from Eq. (18.52) that the closed-loop residual response e(w) 
is related to the disturbance d(œ) by 

e(w) 

d(w) 

1 

1 + H(0) 
(18.65) 1 

_I 
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FIGURE 18.55 Compensator-regulator controller architecture. 

where H (0) 1s the regulation filter. As this equation shows, to provide reduction 
m the residual, IH(w)I » 1. When IH(w)I » 1, 

and when IH(w)I « 1, 
e 
- = 1 
d 

As a result, the des1gn of the regulation filter involves makmg Its magnitude or 
loop gain large at those frequenc1es where control 1s desired (the regulation band) 
and small where control 1s not desrred. As we shall see in the next section, the 
trick is to reduce the magnitude and phase of H(œ) in such a way as to maintain 
stability and av01d excessive noise arnplific<!_tion outs1de of the regulatlon band. 

Regulation Fi/ter Design. The range of frequency over which IH(w)I » 1 is 
referred to as the regulation band. To ensure stability as the magnitude of H(w) 
1s reduced outside of the regulat1on band, the phase of H(0) should not exceed 
180° until the rnagmmde 1s less than 1. This reqmrement is a consequence of the 
Nyquist stability criterion. 

To employ the Nyqmst criterion, one must plot in the phase plane the loop 
gain, or the change m amplitude and phase as a signal propagates around the 
feedback loop. In Eq. (18.65) H(w) 1s the loop gam. In the phase plane, the 
real part of the loop gain is plotted on the horizontal axis and the unagmary 
part 1s plotted on the vertical axis such that as the frequency changes, a curve 
1s traced out m two dimensions, as illustrated m Fig. 18.56. In the phase plane, 
the radius from the origm to a pomt on the curve represents the magnitude of 
the loop gain at a particular frequency, and the angle the radius makes w1th 
the positive honzontal axis 1s the phase angle. This is shown in 18.56 for 
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FIGURE 18.56 Stability and n01se amplification requrrement m the phase plane. 

the case where the loop gam is H(Cù\~We will not present any proof here of 
the Nyquist critenon but will simply illÙsfrate 1ts application. For the interested 
reader, detailed discussions of the Nyquist critenon can be found in a number of 
texts on control theory.56•82 

To. apply the Nyqmst criterion, one simply plots H(Cù) on the phase plane as 
the frequency Cù varies from -oo to oo and counts the number of times that -1 
is encircled. That number 1s equal for most cases of mterest to the number of 
unstable pales of {1 + H(w)}- 1 Figure 18.56 shows a Nyquist plot of a not10nal 
H(w) m the phase plane. The amplitude and phase of H(Cù) at a particular 
frequency are shown in the figure when the phase 1s less than 180° but the 
amplitude is greater than 1. As the frequency increases and the phase of H(w) 
approaches 180° in the figure, the amplitude decreases to less than 1, satisfying 
the cnterion. As the figure shows, this ensures that that the curve of H (Cù) will 
not encircle -1 and that the system 1s stable. 

In the figure, when the phase of H(w) is 180°, the amplitude 1s ~0.2, wluch 
g1ves a modest gam margin of ~14 dB. This means that the amplitude of H(w) 
would have to be 14 dB lugher before the feedback control system would go 
unstable. Similarly, when the amplitude of H(w) 1s unity, the phase 1s approxi­
mately 120°, giving a phase margm of 60°, meaning that the phase would have 
to mcrease by approximately 60° before the system would go unstable. 

To ensure that there will be no noise amplification as the magrutude of H(w) 
is reduced outside of the regulauon band, the curve traced out by H(w) m the 
phase plane should not enter a circle of unit radius centered on 1. This last 
requrrement is also illustrated m 18.56. There, the trajectory of H(w) 1s seen 
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FIGURE 18.57 Nichols plot showmg n01se amplification m a feedback system as a 
functlon of the amplitude and phase of the loop gain. 

entenng the unit circle, indicatmg that some degree of nmse amplification will 
occur. 

Wlule the loop gam plot in the phâse plane eau be used to estimate the noise 
amplification, the so-called Nichols plot prov1des that information more directly. 
Figure 18.57 shows a Nichols plot. In the figure, the phase of the loop gam 1s 

plotted on the vertical axis and the amplitude 1s plotted on the honzontal axis. The 
dashed curve in the figure is the loop gain of a second-order filter.* The contour 
lines in the plot show the nmse amplification. Whenever the dashed curve crosses 
one of the contour lines, the feedback system with that loop gain will have the 
noise amplification in decibels mdicated by the number on the contour line .. For 
example, Fig. 18.57 shows that the second-order filter with the loop gain given 
by the dashed curve will never have a noise amplification greater than 0 dB. In 
fact. a simple examination of the Nyquist and Nichols plots will show that any 

*The form of the filter 1s g1ven by 

{ 
j(w/wo) } 

H(w) = K -(1--(w_/_w_o_)2_+_J_T/_W_/_w_o) 

where w 1s the frequency and the orner terms are constants. 
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filter whose phase is bounded by ±90°, as the second-order filter 1s, will always 
be stable with O dB noise amplification when placed in a feedback loop. 

All of the above discussion assumes that P(w) has been measured accurately 
and that a good causal representation of P(w)- 1 e:usts. If, however, the causal 
representation of P(w)- 1 is imperfect, then the loop gamin the controller will 
not be Just H(Cù) but will be P(w)G(w)H(w). The same crttena for stability 
and noise amplification apply to this modi:fied loop gam. The consequence is 
that H(Cù) may need to be des1gned with larger gain and/or phase margins to 
maintain stability, and this may result in decreased performance. In addit10n, the 
unperfectly compensated system may also have mcreased n01se amplification. 

Another cons1deration is the frequency band over which the compensation fil­
ter, G ( w), must be a good representation of P ( w )- 1 

. In general, the compensation 
bandwidth must be much greater than the regulation bandw1dth to ensure stability 
and to control n01se amplification. To determine the required compensation band­
w1dth, we first consider noise amplification. The basic approach is to compensate 
the plant until H(w) 1s small enough so that uncornpensated variations in the 
plant, P(w), times the aliased compensation filter, G(w), will not lead to n01se 
amplification greater than that specified. If there are measurements of P ( w) up to 
frequencies well beyond even the compensation bandw1dth, then lt is possible to 
construct the Nyquist plot similar to that shown in Fig. 18.56 for P((J))G(w)H((ù) 
and detennine the noise amplification for candidate compensation bandw1dths m 
the same way as illustrated m the figure. Unfortunately, information on the plant 
1s rarely available over such a broad oarnàwidth, and one must design in robust­
ness by utilizmg margins of safety. For example, let us assume that 2 dB of noise 
amplification 1s all that 1s allowed. For this to be tiue for any phase angle, the 
amplitude of the regulation filter must satisfy IH(w)j < 0.206 (-14 dB). If we 
have a margm of safety of, say, 6 dB to allow for uncompensated plant variations, 
we must compensate the plant until the regulation fi1ter bas declined to -20 dB. 
If we design the regulation filter to provide 10 dB of performance reduction m 
the residual, then H(Cù) must have an amplitude of at least 10 dB m the regula­
tion band. Consequently, we will need to compensate the plant out to frequenc1es 
beyond the regulation frequency until the amplitude of H((J)) has decreased by 
30 dB from lts maxnnum. Since we must not allow H ( (J)) to decrease too rapidly 
w1th rncreasrng frequency or instability will result, the resulting compensation 
bandwidth can easily exceed the regulation bandwidth by a factor of 10-100. 

To illustrate these concepts, we will carry out an example for narrow-band 
control and broadband control, in bath cases assuming perfect compensation. For 
the narrow-band case we choose 

H(Cù) = K j(J)/wo 
1 - (W/(J)o)2 + )1]((1)/W()) 

(18.66) 

where K and 17 are constant, w = 2rr f, and f is the frequency in hertz. 
Equation (18.66) is a narrow-band regulation filter with high gain near w = wo. 
The frequency response is shown m Fig. 18.58 for 1J = 0.1 and K = 1. This 
filter will prov1de approx1mately 20 dB of loop gain at the center frequency and 
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FIGURE 18.58 Narrow-band regulation filter. 

consequently we would expect about 20 dB reductlon m the residuaL In addition, 
as mentioned above, the phase of the filter 1s bounded by ±90° and consequently, 
when placed m the feedback loop, will be stable with 0 dB noise amplification. 

Figure 18.59 shows the reduction in the residual with this regulation filter in 
the feedback loop. The system frequency response looks like a notch filter w1th 
approximately 20 dB of noise reduction over a bandwidth of about 5% of the 
center frequency f 0. It shows no out-of-band n01se amplification, as expected. 

These estimates have assumed that the compensation for the plant 1s perfect 
and that G(w) = P(w)- 1 for all frequenc1es. ln reality we need to define a realis­
tic range over which the plant will be measured and the compensation filter will 
be designed to work. The compensation band should be extended out far enough 
in frequency such that the regulation filter gam is small enough to ensure that no 
matter what uncompensated plant phase is introduced, the n01se amplification will 
not exceed a design value (e.g., 2 dB). Earlier we detenmned that that cnterion 
would be satisfied if \H(w)\ < 0.206 (-14 dB). To allow for possible increases 
in loop gam as the compensation is gradually tumed off, we introduce some 
margin by reducmg this value by an additional factor of 2 (6 dB). Consequently, 
the plant will be compensated until the regulation filter reduces 1ts amplitude 
to -20 dB. From 18.58 we can see that the compensation bandwidth must 
extend from ~ 0.lfo to ~ lOfo, or 2 decades. This is substantially broader than 
the control bandwidth. 
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FIGURE 18.59 Ratio of controlled to uncontrolled residual for the narrow-band regu-
lation filter. -- - ;S). 

Note that the bandwidth and noise reduction m Fig. 18.59 can be adjusted 
by varying the parameters of the regulation filter. For example, increasing 17 
will increase the bandwidth but decrease the noise reduct1on performance of the 
feedback system, essentially broademng the notch and decreasing 1ts depth m 
Fig. 18.59. Increasing K will mcrease the n01se reduction performance, essen­
tially deepening the notch in the figure but requiring that we compensate the 
plant out to still h1gher frequency to control n01se amplification. 

For broadband control we will use a second-order bandpass filter for the 
regulation filter g1ven by 

H(w) Kb { J(w/(J)o) J 
(j(J)/Wo + a)(jw/wo + b) 

(18.67) 

where w0 is the center frequency of the filter. 
The frequency response of the filter with K = 3, a 0.1, and b = 10 is shown 

in Fig. 18.60. The phase of this filter (not shown) is also bounded by ±90° and 
hence the system would be expected to be stable with no noise amplificat10n. 
provided the plant is properly compensated. The noise reduction performance of 
the feedback system employing th1s regulatlon filter is shown in Fig. 18.61. The 
figure shows about 10 dB or more of noise reduction for 0.12/ 0 < f < 8/ 0 . It 
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also shows that there is no out-of-band noise amplification above and below the 
regulation frequency band, as expected. 

The above calculations assume that the plant has been perfectly compensated. 
As for the narrow-band case, the compensation band should be extended out 
at least far enough in frequency such that the regulation filter gam is srnall 
enough to ensure that no matter what the phase, the noise amplification will 
not exceed 2 dB. Earlier we deternnned that that criterion would be satisfied if 
IH (Cù)I < 0.206 (-14 dB). Again, to allow for possible mcreases m loop gain as 
the compensation is gradually turned off, we introduce some margin by reducmg 
th1s value by a factor of 2 (6 dB). Consequently, the plant will be compensated 
until the regulation filter reduces lts amplitude to -20 dB. From Fig. 18.60 we 
can deterrnme that the compensation band must extend out to 300 fo, or almost 40 
times the highest frequency in the regulation frequency band. Since this 1s a fairly 
broad band over which to provide good compensation, 1t would be mteresting to 
examine what would happen if we used a higher order filter. Since the loop gain 
associated with a higher order regulat:!on filter would decrease more rapidly w1th 
frequency, the cornpensat10n band should be narrower. For example, if we simply 
square the frequency response function of the second-order filter m Eq. (18.67), 
we would have a fourth-order filter given by 

H(w) (18.68) 

The frequency response funct:lon of this filter is shown 111 Fig. 18.62, which 
mdicates that this filter rolls off much more quickly than the second-order filter. 
The compensation band now extends out to ~ 50fo rather than 300fo- There 
is, however, a penalty for this higher rolloff. That penalty is illustrated m the 
Nyquist and Nichols plots of Fig. 18.63 and the nmse reduction performance 
plot of Fig. 18.64. The Nyqmst plot shows that the system 1s stable but that the 
curve forrned by H(lù) enters the noise amplification region. The Nichols plot 
shows that the expected noise amplificat1on should be about 2.5 dB, whlch is 
confinned m Fig. 18.64. Finally the regulation frequency band over which the 
nmse reduction 1s 10 dB or more has been reduced slightly due to the more rap1d 
rolloff of this higher order filter. The noise reduction performance and regulation 
bandw1dth issues can be dealt with by changing the parameter values in the filter 
frequency response funct:lon ( with concomitant increases in the compensation 
bandw1dth and nmse amplificat10n). However, the noise amplification generated 
by thzs higher order filter occurs even with perfect compensation and is the real 
reason the low-order filter is preferred. 

Compensation Fi/ter. There are a number of approaches that can be applied to 
designing the compensation filter. Here we will examine the use of feedforward 
control filter design techniques, as discussed m Section 18.4, to des1gn a control 
fil ter that will converge to the mverse of the plant. The notion for this approach is 
illustrated m the feedforward control architecture of Fig. 18.65. There the plant, 
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FIGURE 18.62 Frequency response of the broadband fourth-order regulation filter. 

P(w), and the compensation filter, G(w), are connected in senes and the distur­
bance and the residual are the same function, that is, the transfer funcuon B(w) m 
the s1mplified feedforward architecture of Fig. 18.31 1s unity. With this arrange­
ment, the control filter design algonthm.s will attempt to make G(lù)P(w) = 1 
or G(w) ~ P(w)- 1 . Both the direct-estimation and filtered-x design tools can be 
applied to this problem and the mverses of bath MIMO and SISO plants can be 
determined. 

Example. To illustrate this approach, we define the national posltlon-keeping 
system for the suspended mass shown in Fig. 18.66. The mass rrnght be machin­
ery that is vibration isolated from the deck of a ship. For frequencies well above 
lùo the suspension system under the mass wîll reduce the excitation of the deck 
due to machine vibratrnn from 1mbalance, for example. Our position-keepmg 
system prevents the machinery from striking the deck when the ship encounters 
rough seas. In this system the relative displacement between the rnachme and 
the deck is measured and used as the mput to a controller. The controller in 
turn. generates a control force to mini1mze that relative deflection so that the 
machine and the deck do not corne into contact. The control force could be gen­
erated by an inertial shaker or an mterstructural shaker between the deck and the 
machine. 
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FIGURE 18.63 Nyquist and Nichols plot for the broadband fourth-order regulation 
filter. 
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FIGURE 18.65 Feedforward architecture for estnnatmg the plant mverse. 

The plant for tbis system, wluch is the ratio of the relative deflect10n between 
deck and machlne to actuator force 1s given by 

P(w) 
l 

(18.69) 
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FIGURE 18.67 Block diagram of the national feedback position-keepmg system. 

where w0 1s the natural frequency of the mass on its suspension and T/ is the 
loss factor for the system. The feedback control system block diagram for our 
notional position-keepmg system 1s shown m Fig. 18.67. 

The parameter values that we wi11 use are 

fo «>o = 25 Hz 
2rr 

T/ 0.1 

For tins calculatlon we will not use any anti-aliasing or reconstruction filters but 
will rely on the plant 1tself to provide low-pass filtering. If we were to use any 
addit1onal low-pass filtering, the frequency response of those filters would s1mply 
be included w1th the plant, since the compensatJ.on filter will bave to compensate 
for the amplitude and phase variations of those components as well. In a real sys­
tem w1th more complex high-frequency response than our simple notional system 
we would probably not be able to eliminate anti-aliasing and reconstruction fil­
ters, but eliminating them here simplifies the example. Finally, we must account 
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for the half-sample delay mtroduced by the sample-and-hold DIA converters. We 
simply include that delay m the plant frequency response function. 

For a regulatlon filter we will use the second-order broadband filter of 
Eq. (18.67) w1th the followmg parameters: 

K =3 a 0 
wo 

la=-=1 
2n: 

b= 10 

These parameters make the regulation filter have the low-pass characteristics 
illustrated in Fig. 18.68. The filter has a nornmal loop gain of ~ 10 dB out to 
~10 Hz. 

Based on the results in Fig. 18.60, we know that the compensation band will 
need to extend out to about 40 t1mes the high©st frequency in the regulation band 
or out to 400 Hz. Since we cannot expect to design a compensation filter that will 
be effective right out to the Nyquist frequency (one-half the sampling rate), we 
will put in a margin of safety and use a sampling rate of 1000 Hz, which gives a 
Nyqmst frequency of 500 Hz. Using the direct-estimation filter design techrnque 
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FIGURE 18.68 Amplitude and phase of the regulation filter. 
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of Secnon 18.4 for the system in Fig. 18.65, we obtain a 50 .. tap compensation 
filter G(w) that when mulhplied by the plant transfer funct10n g1ves the result 
shown in Fig. 18.69. If the filter were a perfect compensator, the amplitude of 
G(w)P(w) would be umty and the phase would be zero. 

The figure shows that the amplitude 1s very close to unity almost ail the way 
to the Nyquist frequency.* The phase, however, reaches almost 180° at 300 Hz, 
which mdicates that we should expect some noise amplification due to 1mperfect 
compensation. That expectation is confirmed in the Nichols plot of Fig. 18.70 
and the noise reduction performance plot of Fig. 18.71. which each slow a little 
over 2 dB of noise amplification. The Nyqmst plot also m 18.70 shows that 
the system 1s stable. The n01se reduction performance in Fig. 18.71 shows that 
l 0 dB of noise reduction has been achieved up to more than 10 Hz. 
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FIGURE 18.69 Amplitude and phase of the product of the compensation filter and the 
plant transfer fonction (G(œ)P(Cù)} as a fonction of frequency. 

*Note that m computing the compensation filter usmg the dîrect-est11nation approach 1t 1s somettmes 
necessary to mtroduce a small delay m the block diagrarn of Fig. 18.65 to deal with uncompensatable 
delays m the plant. Instead of setting B(w) = 1, we set It to B(w) = e-Jtàl.T, where T 1s the sample 
penod and À a constant representing the length of the delay in sample penods. While mtroducmg 
some phase error in the compensator, this approach often results in a better plant compensator than 
if no delay were mtroduced. For the case examined here best results were obtained with )" ~ 1.5. 
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FIGURE 18.70 Nichols and Nyqurnt plots for the feedback control system of Fig. 18.67. 

This example points out how feedback control systems can make severe 
demands on hardware, typically much more severe than feedforward systems. 
To achieve 10 dB of noise reduct1on out to 10 Hz required in this case a sam .. 
pling rate of 1 kHz, 100 times hlgher than the regulation bandwidth. Such a huge 
factor between regulation bandwidth and compensation bandwtdth is not uncom­
mon and is one of the reasons why feedforward :-rystems are often favored over 
feedback. 
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18.6 CONTROL SYSTEM DESIGN CONSIDERATIONS 

In this section, we discuss the process and steps involved m des1gning and imple­
menting a successful ANVC system. This process is illustrated in the flow chart 
of Fig. 18.72 As shown, the first step is to establish design goals and requrre­
ments, which include performance goals and objectives. These goals, together 
w1th experimental data or structural-acoustic models, are used to conduct simu­
lat10ns to predict achievable system performance. These performance srmulations 
typically involve trade-off studies of system performance as a function of actu­
ator output levels, sensor dynamic ranges and noise floors, control algonthms, 
architecture, and controller parameters (e.g., sample rate, analog filter character­
istics, digital filter sizes, computational load, and memory requrrements). These 
simulat10ns ultimately guide decisions concerning hardware selection, such as 
analog filtenng, A/D and DIA converters, and digital-controller hardware. The 
output of th1s simulation step is a set of design specifications for the sensor and 
actuator subsystems as well as for the controller (i.e., control algonthm and archi­
tecture). Prelimmary and detailed designs are then performed to produce sets of 
component specifications for each subsystem as well as mterface control docu­
mentat10n between each subsystem and w1th the system to be controlled. At this 
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FIGURE 18.72 Flow chart for ANVC system development and implementatlon. 

point, the subsystems are acquired if they are commercially available and fabri­
cated if not. Each is then tested to ensure that both hardware and software meet 
specifications. The components are then mtegrated with the system to be con­
trolled. Typically, a senes of tests 1s conducted to validate system performance. 
If successful, more extensive m-serv1ce testmg is usually performed to determme 
long-term performance and reliability before the prototype system is transformed 
into a commercial product or deployable system. That transfonnation, which can 
be an extensive and costly process, is not discussed here. 

In the sections that follow, we discuss the major steps in this development 
process, including identification of performance goals, specification of actuator 
and sensor requrrements, and select10n of control architecture. Also discussed 
in what follows are the benefits of conducting both non causal and causal per­
formance simulations; practical considerations concerning hardware selection of 
analog filters, DIA and A/D converters, and digital signal processors; and an 
overview of issues related to control system user interface, operatmg modes of 
the system, and system testing gmdelines. 

ldentifying Performance Goals 

Identifymg performance goals 1s an important, yet often overlooked, first step 
in developing an ANVC system. Performance goals state what effect the control 
system should have on a particular phys1cal quantity as a fnnction of frequency. A 
schematic that 1s useful for discussing performance goals is shown in Fig. 18.73. 
This shows two conceptual curves as a function of frequency. The solid 
curve is representative of the uncontrolled response (e.g., mean-square vibration 
level on a particular component). The dashed curve 1s the desired mean-square 



802 ACTIVE CONTROL OF NOISE AND VIBRATION 

lnherent 
bandwidth 

.,.___.,.. Tonal slew 

Tonal and broadband 
attenuation (e.g., 15 dB at tonals 
and 0-5 dB broadband within 
contrai band) 

Out-of-band amplification 

~-~----------~---------~--1~ Frequency 
1 Contrai 

bandwidth Sampling 
frequency 
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response as a result of rmplemenrtng an ANV C system. This desired response 
may be reqmred to meet product specifications or may be related to rneetmg , 
certam radiated noise specifications. In e1ther case, the difference between these 
two curves identifies the reductions, as a function of frequency, that are required. 
As an exarnple, the performance goalsroPthe case illustrated in Fig. 18.73 might 
mclude the following: 

• Reduce tonal components m mean-square vibration response by at least 
15 dB. 

• Maintain tonal performance in the presence of slewing tonals (e.g., where 
the tonal frequency changes over time at a rate of less than 3 Hz/s). 

• Reduce broadband mean-square response in the control band (i.e., between 
frequencies f1 and h) by 0-5 dB. 

• Maintain performance in the presence of changes in the dynamics of the 
system (i.e., plant) that will occur over rime. 

• Limit out-of-band nmse amplification to less than 2 dB at any frequencies 
outside the control band. 

Identifymg performance goals 1s lllportant for several reasons. First, the expec­
tations for the ANVC system are clearly stated and eau be evaluated versus 
praetleally achievable ANVC performance. For exarnple, typ1eal ANVC sys­
tems eau prov1de 15-20 dB of tonal reductions, depending on the slew rate 
of the tonals. Further, broadband performance in excess of 10 dB is typ1cally 
associated w1th some level of out-of-band amplification. Second, these specifi­
cations will directly impact 1mplementation aspects of the ANVC system. With 
regard to the above exarnple, we eau make the followmg mitial observat10ns. 
The broadband performance requirement will reqmre a feedback 11nplementat10n 
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or a feedforward rmplementation with reference sensors that are well correlated 
wtth the mean-square response to be controlled. The need to provide additional 
reductions at slewing tonal frequenc1es will reqmre control filters that adapt rel­
atively quickly m response to changuig tonal frequency. In addition, since the 
plant transfer functions are expected to change over tlme, the control system will 
need to support concurrent system identification and adaptation to track relatively 
slower changes in the system dynarnics. Finally, the constramt on noise amplifi­
cation will 1mpact the bandw1dth of a feedback implementation (as discussed m 
Section 18.5) and probe signal design (as discussed in Section 18.4 under Svstem 
Identification). • 

In general, the performance goals will have a direct impact on all aspects of 
the ANVC system design (e.g., sensors, actuators, and controller). In the next 
sections, we discuss how the perfonnance goals impact each of these subsystems. 
In particular, we discuss procedures to answer the following questions: 

• What number of actuator channels is requrred? 
• Where should the actuators typically be located? 
• What are the output dnve requ1rements (force, volume velocity, etc.) for 

the actuators? 
• What is the number of sensor channels reqmred? 
• Where should sensors typically be located? 
• What control algonthm/architecture eau be used to design control filters that 

will max1mize achievable system performance? 
• Is It likely that the prograrn goals can be met (at least throughout the fre­

quency range of the available models) w1th a reasonable number of actuator 
and sensor channels and with a causal controller? 

These questions will be addressed within the context of the technical approach 
illustrated in the flow diagram of Fig. 18.74. As shown along the left s1de. the 
approach involves three sequential studies: 

• Controllability: where to place the actuators. 
• Observability: where to place the sensors. 
• Realizability: how to design causal control filters. 

Number, Location, and Sizing of Actuators 

Actuator and sensor placement studies requrre either a model of the system to be 
controlled (e.g., fimte-element model (FEM), lumped-parameter model] or access 
to expertmental data from the system itself. The first questions to be addressed 
are where actuators should be located, how many are necessary as a function of 
achievable performance, and what s1ze of actuator 1s needed (shaker maximum 
force output, speaker maximum volume velocity, etc.) to effectively drive the 
system and prov1de control. 



804 ACTIVE CONTROL OF NOISE AND VIBRATION 

!Controllability 

No 

Select 
' candidate 

actuators 

Conceptual design 

L-----------=;'_;'==f======!_+.a,,I Specîfy 
actuator 
requirements : !Observability 

No 

No 

i __ Meet/exceed 
goals? 

Prelimlnary 
design 

Refine 
'-----_.. actuator and 

sensor 
i requirements 

1 Specify 1 

'------------,Y:;;;e:;;;s:t:==~---------!-i
1 

..,J: controller 1 

i requirements , 

FIGURE 18.74 Flow diagrrun for ANVC strategy selectlon. 

Number of Actuators. The quest10n of how many actuator channels are 
required can be roughly estimated from expenmental data or model results of the 
response to be controlled. For example, suppose that the response to be controlled 
1s the mean-square vibration response on a component that 1s characterized by 
L point response measurements. The mm1mum number of actuator channels 1s 
equal to the number of independent ways the system 1s responding at the L 
measurement locations (referred to as response dimensionality) on a frequency­
by-frequency bas1s. The response dimens10nality can be estimated by computing 
the smgular-valued decompositlon (SVD) of the cross-spectral density (CSD) 
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matrix of the L responses. We can express this CSD matrix as 

(18.70) 

where [Sdd] = cross-spectral density matrix of disturbance 
[Tl = transfer function matrix from source(s) to L response locations 

[·]H coUJugate transpose of matrix 

Note that [See] can be evaluated directly by measuring the CSD matrix of a 
number of sensors at candidate locations. As an altemate approach analyti­
cal/numerical models of the system to be controlled can be used to estimate 

.. [T] along with approximations to [Sdd]* m Eq. (18.70) to estimate [See]. 
The SVD of a matrix [A] is defined as 

(18.71) 

where [U Al and [V Al are urutary matrices contammg the left and right singular 
vectors of [A] and [lA] is a diagonal matrix contaming the singular values for [A] 
ranked from largest to smallest.60 A typ1cal plot of the singular values of [S •• ] 
(i.e., diagonal elements of [le]) at a partlcular frequency will reveal several large 
(i.e., significant) singular values followed by a transition to a region containing 
smaller (i.e., less s1gnificant) singular values. An exarnple of this type of plot, 
where the singular values are normalized by the largest, is shown in Fig. 18.75. 
These types of plots can be convemently generated usmg the svd function in 
MATI.AB. 

The number of large singular values of [See] at a given frequency indicates 
the number of s1gnificant and independent ways in which the disturbances on the 
system express themselves at the L measurement locations. At any frequency, 
the number of significant singular values is equal to the minrmum of 

• the number of mdependent disturbances acting on the structure (termed 
source dimensionality ), 

• the number of structural degrees of freedom (i.e., modes), 
• the number of measurement responses (ie, sensors), and 
• degrees of freedom of spectral estlmates (i.e., number of ensemble averages 

m estimating the CSD matrix from experimental data). 

As such, care must be ta.ken to ensure that the estimated response dimensionality 
1s not limited by usmg too few sensors, by insufficient averagmg if [Seel 1s mea­
sured, or by too few sources and sensors if analytical models are used to estimate 
[See]. We note that controlling the response characterized by the L measurement 

*For analytical/numencal simulations, where the CSD of the disturbances rnay be unknown, 1t is 
often suffic1ent to assume a large number of candidate disturbance locations anct use a disturbance 
CSD matrix m Eq. (18.70) equal to the identity matrix at all frequencies of inierest. This corresponds 
to the case where the sources are stat1st1cally indepenctent with umt variance at each frequency. 
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FIGURE 18.75 Typ1cal decay of singular values of a sensor CSD matnx. normalized 
by the largest singular value. 

locations will require at least as many actuator channels* as s1gnificant singular 
values of [Seel-Thus, this approach establishes a lower bound on the number of 
required actuator channels. 

Finally, we mak:e two remarks concerning the use of SVD spectra to deter­
mine lower bounds on the number of actuator channels. First, since the number 
of s1gnificant smgular values will typicalby increase as a function of frequency 
(because the number of modes supported by the system rncreases with frequency ), 
the number of required actuator channels is often dictated by the smgular-value 
spectra at h1gh frequency. Second. the transition reg10n in Fig. 18.75 may be 
gradual rather than showmg a distinct "knee." For those cases, a useful "rule of 
thumb" is that the number of s1gnificant singular values at a given frequency is 
equal to the number of singular values whose magmtude is withm, say, 30 dB 
of the largest singular value. 

Actuator Locations. The select10n of specific actuator locations 1s typ1cally 
the result of an optirruzation procedure to select the best K locat10ns from a set 
of M possible locations (M > K). This procedure requires the response CSD 
discussed above as well as the L x M transfer fonction matrix [P] between the 
M possible actuator locations and the L sensor responses. An exhaustive search 
over all combinations to determine the optimal set of K actuator locations would 

M! 
require a search of [K!(M _ K)!] possibilities. This can be a daunting task for 

even modest values of K and M. When th1s is the case, it 1s often useful to 
invoke suboptimal techniques to choose a "good" set'·of actuators. 

One suboptimal approach that has been used successfully is based on 
Gram-Schmidt orthogonalization.60 Given M candidate actuator locations, 

*The term actuator channets 1s not necessarily the same as the number of actuators. For mstance, a 
group of 10 acmators dnven coherently requrres only a smgle output channel from a controller. 
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choose the one that maximizes reductlons m the trace of [See]. In this context, 
the best candidate is the column of [P] that 1s "most parallel" to the L sensor 
responses caused by the disturbances, integrated across frequency. Once an 
actuator (i.e., column of [PD is chosen, components of [See] and remaming 
columns of [P] in the direction of the chosen column of [P] are removed. The 
process is repeated K times, where the value of K is estimated from SVD spectra 
of [Seel Variants of this procedure are discussed by LePage et al.42 and Heck 
et al. 83 An interestmg companson of alternative procedures for selecting source 
locations based on using genet1c algorithnis and simulated annealing 1s discussed 
by Elliott.58 

Regardless of the selection procedure, the mean-square response of the L 
sensors can be estimated assuming all actuators chosen so far can be used m an 
optimal, unconstrained sense. That is, we assume a controller can be developed to 
produce the reqmred magnitude and phase spectra to drive each output channel. 
At each frequency, the L vector of residual responses 8 can be expressed m terms 
of the L vector of uncontrolled responses e and the k vector of actuator drive 
s1gnals a (for k :::= K) acting though the L x k plant transfer funcüon matr1x [P]: 

e = [T]d + [P]a e + [P]a (18.72) 

The optimal solut10n for a to reduce the residual mean-square response tr{[S •• ]} 
at each frequency 1s 

(18.73) 

where # signifies the pseudoinverse, which can be convemently computed using 
the pmv function in MATLAB or by the expression defined in Sect10n 18.4 under 
Extension to MIMO Systems. 

As a consequence. the optimal n01se reduction (NR, in decibels) of the mean­
square response using the selected actuators 1s 

where 

NR = -10 1 (tr{[S,,"]}) 
og!O tr{[SeeH 

[See]= E{eeH} [T][Sdd][T]8 

[S.,,,] = [1- pp#][See][I - pp#]H 

(18.74) 

(18.75) 

In Eq. (18.75), [Seel 1s the CSD matnx of the uncontrolled responses at the L 
residual sensor locations. This can be estimated from experimental data (i.e., 
E{ee8 }) or can be computed using transfer funct10ns from source-to-residual 
locations, [T], based on analytical models (i.e., lumped-parameter or FEM), and 
an assumed CSD matrix of the sources, [Sdd ], for example, the unit matrix as 
described above. 
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Equation (18.74) can be plotted frequency by frequency (or mtegrated across 
the frequency bandwidth of concern) to detenmne an upper bound on system 
performance, parameterized by the number of assumed actuators, as shown in 
Fig. 18.76. These performance predictions represent upper bounds because at 
this point we have not placed any causality constraints on the control filter, and 
we have not identified what sensor signals will be used as mputs to the controller. 
As such, these predictions are referred to as non causal predictions, corresponding 
to those 1dentified in Fig. (18.74) pertaining to controllability. Since Eq. (18.74) 
represents an upper bound on ach1evable performance as a funcnon of frequency 
for the selected actuator set, it provides a first-order assessment as to whether 
the 1dentified performance goals are achievable. 

Actuator Sizing. A cntical issue m the design of an active control system is 
the sizmg of the actuators. Actuators with too little drive capaclty will result in 
an underperforming control system, while actuators with too much capacity may 
impose excessive weight or cost penalties. A rough gmde 1s that the actuators 
must be able to create response levels at the residual sensors that are comparable 
to the levels observed there due to the disturbance. A more prec1se estimate of 
the reqmred drive levels from the actuators can be deternuned from the diagonal 
elements of [Saa]=[P]#[SeeJ[p#] 8 , which correspond to the power spectra of the 
required dnve s1gnals to each actuator. For this calculation [S.,.,] should be based 
on measurements unless good analytical models of the disturbances and therr 
CSD matrix, (Sdd], are available. The sqüâre root of the integrated mean-square 
levels of each diagonal term across frequency prov1des an estlmate of the rms 
levels for each drive signal. Peak drive requrrements can be estimated from these 
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FIGURE 18.76 Example of noncausal perfonnance versus number of actuator channels. 
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rms levels by, applying an appropnate crest factor (i.e., ratio of the peak value 
of a waveform toits rms value). For pure-tone cases, the crest factor 1s 1.41; for 
broadband noise, the crest factor will depend on the statisttcs of the disturbance. 
A useful approxrmat1on to the crest factor for random noise 1s 4. 

Note that if the plant [P] used in the equations above relates actuator output 
(force, volume velocity, etc.) to the residual channel responses, then the diagonal 
elements of [SaaJ (and the assoc1ated rms and peak levels) correspond to the 
actual actuator drive level (e.g., pounds, cub1c feet per minute) that must be 
delivered to the structure by the actuators to produce the predicted performance. 
As such, these predictions provide imtial actuator sizing mfonnation. 

Number and Location of Sensors 

The goals and reqmrements for selecting residual and reference channels are 
summanzed below. 

Residual Sensor Channel Selections for Feedforward and Feedback 
Strategies. The goal is to detennine a mmimal set of measurable responses 
that are 

• well correlated with the radiated noise or vibration response to be controlled, 
• nominally colocated with actuators for feedback control, and 
• consistent with satisfying "obvions" causal constraints*; at or "downstream" 

of actuators for feedforward control strategy. 

Reference Sensar Channel Se/ection (for Only Feedforward 
Strategy). The goal is to detennine a mmimal set of measurable responses 
that are 

• well correlated w1th the disturbance sources, 
• well correlated with candidate residual channels, 
• consistent with satisfying obvions causal constramts: with sufficient "lead 

ttme" to implement an effective causal controller (i.e., located suffic1ently 
"upstream" of the actuators). 

Approaches for determining sensor channels that meet these goals and require­
ments are presented below. 

Number of Sensors. If the number of residual sensors is equal to the number 
of control actuators, 1t 1s theoretlcally possible to achieve infinite noise reduc­
tion m a feedforward system. Of course, very large noise reduction at residual 

*By obv10us causal constramts, we mie out consideration of residual sensors that are closer to the 
sources than the selected actuator locations (i.e., upstream of the acmator locations). Sîmilarly, we 
rule out considerat1on of reference sensor locations that are downstream of (farther away from the 
sources than) ihe actuator locations. 
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sensors does not necessarily mean that the system will also prov1de good n01se 
reduction globally. Alternatively, if the number of control actuators exceeds the 
number of residual sensors, the system 1s overdetermmed and the control effort 
may be excessive with some actuators competing agamst others unless control 
effort weighting 1s carefully included m the control filter design algonthm. Most 
practical systems have more res1dual sensors than control actuators so that the 
noise reduction is less concentrated at the residual sensor locations, resulting m 
more uniform global control. 

The <Selection of residual and reference sensors (when reqmred or available) 
can be determmed following sirnilar procedures to those outlined for actuator 
selection. As before, it is adv1sable to perform SVD analyses of candidate res1d­
ual and reference CSD matrices to determine the mmimum number of channels 
necessary to charactenze the response caused by the disturbances at those loca­
tions. Since response dimens10nality will never increase as measurement locations 
move away from the sources, ,1t is common that the response dimensionality at 
the reference sensor locations will exceed that at the residual sensor locations. We 
note, however, that the number of sensors necessary to charactenze the response 
dimensionality may exceed the number of sensor channels deterrnined by the 
dimens10nality studies, as, for example, when arrays of sensors are processed to 
characterize modal responses of a system. 

If the response to be controlled is already known, the choice of residual sensing 
may be relatively straightforward. For example, if the mean-square response of a 
plate structure on a machine is to be rêduted, it may be suffic1ent to instrument 
that plate with L point sensors, where L exceeds the response dimens10nality of 
the plate (e.g., nurnber of significant modes). Subsets of these L sensors can also 
be cons1dered to detennme the sets that when mirurmzed in an optimal sense will 
produce the largest mean-square reductions of the full set of L sensors. Again, 
e1ther exhaustive or suboptimal search techruques can be used. 

For cases where reducing radiated n01se is the main objective, it may not 
be possible to use res1dual sensor inputs to the controller that directly rneasure 
the noise field. Instead, for these cases, res1dual sensors must be located on 
the machme or device to be controlled. Selection of these on-board sensors is 
typ1cally the result of usmg detailed radiation models to .detennme which on­
board sensor responses are highly correlated with the radiated nmse. If models 
or experimental data that include radiated n01se information are available for this 
purpose, then candidate residual sensors can be selected using the exhaustive or 
suboptimal search techniques discussed above. 

Residual Sensor Evaluation. As was done when considering actuator selec­
tion, the resulting sets of res1dual sensors obtained at each step can be evaluated 
to assess the maxrmum achievable performance as a funct1on of the nurnber of 
residual channels. In particular, reductions m the mean-square response of the 
selected res1dual channels can. be determmed using Eq. (18.74), where the opti­
mal drive vector a m Eq. (18.73) 1s chosen to minirmze only the candidate set 
of res1dual channels. These drives are then used in Eq. (18.72) to estimate the 
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reductions m mean-square performance across a larger and more complete set of 
residual channels, or the radiated noise response. Again,, these predictions rep­
resent upper bounds on achievable noncausal performance assuming fixed sets 
of actuators and residual sensors. That is, we again assume that a controller can 
be developed to produce the spectral magrutudes and phases that ai·e necessary 
to drive each output channel to reduce the mean-square residual response in an 
optimal sense. 

Alternatively, res1dual sensors can be selected s1multaneously with 1IDplement­
ing the procedure for estimating performance. A smûlar approach can be used to 
select reference sensors for .a feedforward system. Details of this approach are 
discussed below with respect to evaluating reference and residual sensors for the 
case where res1dual sensors cannot directly measure radiated noise. 

Assurning statistical quantities, we define the followmg frequency domain 
relationships between the vectors of radiated pressures ( or some other desired 
residual which cannot be measured directly by the control system) p, res1dual 
channels e, and reference channels r and the vector of disturbances d, 

p =[Q]d e =[T]d r =[R]d (18.76) 

where [Q], [T], and [R] are the transfer function matrices relating the disturbances 
to the radiated pressure, res1dual channels, and reference channels, respectively. 
For purposes of the discussion below, we assume that either the transfer functions 
[Q], [T], and [R] are available from analytical models (e.g., lumped-parameter 
or FEM) oi-the response vectors p, e, and r are available from experimental data. 

The radiated pressure can be related to the res1dual channels as 

p =[He]e+n (18.77) 

where n represents the radiated pressure response that is uncorrelated w1th (or 
unobserved by) the res1dual channels. Assuming that e and n are independent 
statlstical responses, we can obtam an expression for [He] in terms of the CSD 
matrix of the uncontrolled res1dual [See] and the CSD matrix between the pressure 
and residual channels [Sep]: 

(18.78) 

As discussed earlier w1th regards to (18.75), [See] is the CSD matrix of the 
uncontrolled responses at the L residual sensor locations and can be estimated 
from experrmental data (i.e., E{ee8 }) or can be computed by usmg transfer 
functions from source-to-residual locations, [TJ, based on analytical models (i.e., 
lumped-parameter or FEM), and an assumed CSD matnx of the sources, [Sdd]. 
Sirnilarly, [Sep] is the CSD rnatnx of the uncontrolled responses of the pressure 
and res1dual sensors. lt can be estimated from expenmental data (i.e., E{peH}) or 
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be computed from analytical models for (T] and [Q] together w1th an assumed 
CSD matrix of the sources, [Sdd]: 

(18.79) 

We can now wnte an expression for the maxnnum n01se reduction, at each fre­
quency, that can be achieved by eliroinatmg the response in the radiated pressure 
that is correlated with the chosen set of res1dual channels: 

(18.80) 

where 
(18.81) 

Note that if there is no correlation between the residual sensors and radiated 
pressure, then NRp will equal 0 dB. If the output is entirely due to the input 
(i.e., the residual sensors are perfectly correlated with the radiated pressure, then 
NRv will be mfinite (i.e., -oo decibels). 

The evaluation of Eq. (18.80) requires e1ther measured data or analyti­
cal/numencal models of the system to • be controlled. If simultaneous measure­
ments of the residual sensors, e, and iliè d'esired residual, p, are available, then 
the data can be processed to generate the cross-spectra density matrices [Sep], 
[S .. ], and [Spp]· Equation (18.78) can then be used to· determine [H.], which can 
then be substituted along with [S •• ] and [Spp] into Eq. (18.80). If, on the other 
hand, analytical/numerical rnodels are available, they can be used to estimate the 
transfer functlon matrices [Q] and [T]. If the CSD of the disturbance [Sdd] is 
then taken to be the umt matnx as described earlier, then [Sep], [See], and [Spp] 
can be easily estimated from the equations g1ven above, allowing the evaluation 
of Eq. (18.80) as if measured data were available. 

Reference Sensor Evaluation. In a s1milar fashion, the procedure outlined 
above can be used to select reference sensors that are highly correlated w1th the 
res1dual and/or radiated pressure. The res1dual channels can be related to the 
reference channels as 

(18.82) 

where m represents the response in the residual channels that 1s uncorrelated 
w1th (or unobserved by) the reference channels. Following the procedure out­
lined above, the maximum reduction in the mean-square response of the residual 
channels, e, assuming a set of reference sensors r is given by 

(18.83) 

11 
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where 

(18.84) 

and 

(18.85) 

The expression given m Eq. (18.83) represents the maximum reduct1on, at each 
frequency, that can be achieved by elimmating the response in the residual chan­
nels that is correlated with the chosen reference channels. If there 1s no correlation 
between the res1dual sensors and radiated pressure, then NR, will equal 0 dB. 
If the output is entirely due to the input (i.e., the residual sensors are perfectly 
correlated w1th the radiated pressure, then NRe will be mfinite. 

As with the res1dual sensors the evaluation of Eq. (18.83) requires e1ther 
measured data or analyücal/numencal models of the system to be controlled. 
If simultaneous measurements of the res1dual sensors, e, and the reference sen­
sors, r, are available, then the data can be processed to generate the cross-spectra 
dens1ty matrices [Serl, [See], and [SrrJ. Equation (18.85) can then be used to 
determine [Br], which can then be substituted along with [See] and [Srr] into 
Eq. (18.83). If, on the other hand, analytical/numencal models are available, 
they can be used to estimate the transfer function ma1nces [R] and [T]. If the 
CSD of the disturbance [Sdd] is then taken to be the urut ma1nx as described 
earlîer. then [Ser], [SeeL and [SrrJ can be estimated from the equations 
given above, allowing the evaluation of Eq. (18.83) as if measured data were 
available. 

Sensor Selection and Noncausal Performance. Choices for candidate 
residual and reference sensors are typ1cally guided by an understanding of the 
phys1cs of energy propagation for the system to be controlled as well as guidance 
on the required number of channels required based on SVD analyses. Assum­
ing candidate actuator, reference, and res1dual locations have been identified 
using the procedures discussed above, an upper bound on achievable perfor­
mance for thts set of transducers can be obtamed by estimating the noncausal 
performance. These predicüons correspond to those identified m 18.74 under 
the observability phase. For a feedforward system, this means that we assume the 
controller can 1mplement whatever filter is necessary to relate the reference sen­
sor responses to the reqmred actuator dnve signais to ID1mm1ze the mean-square 
res1dual response. For this case, the uncontrolled and controlled mean-square 
res1dual responses are given by 

(18.86) 

and 
(18.87) 
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where [See] and [SrrJ are defined m Eq. (18.84), [HrJ is defined m Eq. (18.85), 
and the noise reduction is given by 

NR = 10 lo (tr([SuD) 
glO tr([See]) 

(18.88) 

As described in the above discussion for the residual and reference sensors, 
Eq. (18.88) can be evaluated using either measured data or analytical/numencal 
models. The one difference here is that measurements or analytical/numencal 
predictions of the plant transfer function matrix [P] are also requrred. 

On a final note, we remark that while tbe requued numbers of reference and 
res1dual channels are typically determined by the system response at the highest 
frequency of interest, they may be more than is necessary at lower frequencies. 
As a consequence, the CSD matrices of the reference and res1dual sensors ( and 
the plant matrix) may be ill-conditioned (i.e., nouinvertible) at low frequencies, 
which may impact the matrix inverses m Eqs. (18.78), (18.85), and (18.87). For 
these situations, it may be necessary to add small values to the diagonal elements 
of these matrices before computing the mverse. This procedure 1s referred to as 
"regularization." The values added are ideally a functlon of frequency and will 
have a larger mfluence at low frequencies (where the matrices are ill-conditioned) 
than at high (where the matrices are not ill-conditioned). One procedure that 
satisfies this requuement (and has been used successfully m many ANVC appli­
cations) 1s to add a scalar times the rrîâxmmm smgular value of the matrix to 
each diagonal element of the matrix on a frequency-by-frequency basis. 

Controller Architecture and Performance Simulations 

The upper bound predictions given in tbe sections above on the number, location, 
and sizmg of sensors and actuators provide a series of tools for bounding system 
performance as more of the control system 1s defined. As more realism 1s included 
(e.g., identifying both actuator and sensor numbers and locations), the bounds on 
achievable performance typically get smaller but also more realistic. Comparisons 
of these bounds with performance goals can be made at each step to detennme 
if the control system under consideration is likely to meet its obJectlves. Should 
the system still appear feasible after selecting both actuator and sensor locations 
[i.e., from Eqs. (18.86) and (18.87)], the next step is to add more realism related 
to the 1mplementat10n of the controller. 

In this section, we consider the impact of controller architecture on achievable 
performance. In part:tcular, we discuss procedures to mclude effects of analog 
filtering, sample rate, and length of control filter. 

As an mtroductlon to these issues, consider the signal path from sensor 
mputs to actuator dnve signals for a conventional digital controller as shown 
in Fig. 18.77. With reference to this figure, a digital controller requires that the 
analog signais from the sensors be sampled and dig1tized at the sample rate of 
the controller. The sample rate of the controller 1s usually expressed m tenns of 
a sampling rate or frequency (J,), which 1mplies that the s1gnals are sampled 
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FIGURE 18.77 Signal path from sensor input to actuator drive signal for a digital 
controller. 

at a time mterval (Ts) equal to the mverse of the sample rate. For example, 
a sample rate fs = 1000 Hz corresponds to a sample interval Ts 0.001 s. To 
satisfy Nyqmst's sampling theorem,57 the sample rate of the controller must be 
at least twice the highest frequency of interest for the controller. For feedfor­
ward systems, the sample rate may be a factor of 4 above tbe highest frequency 
to be controlled. For broadband feedback systems, as discussed in Section 18.5 
under Altemate Suboptimum Control Filter Estimation, 1t is not uncommon for 
the controller sample rate to be a factor of 100 above the highest frequency to 
be controlled (to miuimlze the effects of time delay through the controller and 
quantization noise on system performance). 

Once the sample rate has been chosen, analog filters must be used to fürut the 
frequency content of the analog sensor signals to below the Nyquist frequency 
of the controller, where 

fnyq ½/s (18.89) 

These filters are called "anti-alias" filters, and theu output is passed to an A/D 
converter, which in tum samples and quantizes the signal. Similarly, the output of 
the digital controller is converted to an analog signal by a D/A converter. Before 
these output s1gnals are sent to the actuators, however, they must be filtered to 
band linut the signais below the Nyqmst frequency; otherwise s1gnals above the 
Nyqmst frequency will be sent to the actuators. These filters are referred to as 
"reconstruction" or "smoothing" filters 

Although issues regarding the select10n of anti-alias and smoothmg filters are 
discussed m the next section, we note here that a maJor consequence of filtenng 
1s that it mtroduces a delay in the signal path, wh1ch is referred to as the "group 
delay" of the filter. This delay is related to the derivative of the phase response 
of the filter: 

d<p(w) 

d(J) 
(18.90) 

In addition to the filters, delays m tbe signal path of Fig. 18.77 are also associ­
ated with the A/D converter, sample-and-hold functionality of the D/ A, and the 
processmg time associated with implementmg the digital filter. With regards to 
the A/D converter, delays can be kept suffic1ently small by choosing successive­
approximation A/D converters. Issues related to A/D selection for applications 
where time delay 1s not a limiting factor in controller performance (e.g., tonal 
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control systems or for residual sensing in some feedforward applications) are 
discussed in the next section. The delay associated with the sarn:ple and hold of 
the D/A converter ro/A 1s directly related to the sample rate of the controller: 

1 
TD/A = 2fs 

(18.91) 

For efficient implementations, the delay ( rosP) associated with implementmg 
the digital filter w1thm a DSP chip can be linnted typically to a few tens of 
nncroseconds. These implementations reqmre that the sample dock controlling 
the DIA converters be offset relative to the sarn:ple dock for the A/D con­
verters. As such, output samples can be sent to the D/ A converters as soon 
as they are computed so that the processing delay can be held to a fraction 
of a sample mterval. This sampling strategy 1s in contrast to one that waits 
until the next time step to output a sample. The latter approach imposes a 
minimum one-sample delay in the processing, which can be unacceptable for 
certa:m applications. 

The total delay from analog signal mput to analog signal output is termed the 
latency of the controller. Where appropriate, any delay associated w1th the ampli­
fiers and actuators will also contribute to the latency. Latency is an important 
parameter since it can directly limit achievable performance of broadband feed­
forward and feedback systems. As such, 1t 1s important to limit overall latency 
in ANVC control systems consistent with.;,!lChievmg performance goals. 

At th1s point, specific characteristics of the analog filtering, sampling, and 
control filter parameters can be merged with model or expenmental results to 
make causal performance predictlons. The steps mvolved are as follows: 

• Specify a system sample rate based on control bandwidth ai1d architecture 
(feedforward or feedback). 

• Modify the transfer functton matrices involving sensor inputs and actuator 
outputs to mclude 

transfer functions of anti-alias (AA) and smoothing filters (SF), 
delay associated with DIA converter sample and hold (ro;A), 

controller processing delay ( rosP ), and 
transfer functions of amplifiers and actuator (SH). 

• Specify cost function (including control effort and robustness constraints) 
to be m1mmized. 

• Specify number of control filter coefficients. 
• Solve for control filter coefficients using the procedures outlined in 

Sections 18.4 and 18.5. 
• Estimate causal mean-square res1dual performance and actuator output drive 

requrrements: Compare estimated performance to performance goals. 

If transfer functions of the filters, amplifiers. and actuators are not available. 
mitial causal performance estimates can be made by assuming fiat magmtude 
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spectra w1th linear phase spectra, which correspond to pure time delays that 
bound expected delays for those components. When this 1s the case, Elliott58 

suggests approxlffiating the group delay of the anti-alias or smoothing filters as 

rt 
r ~ 

g 8fc 

where n 1s the order of the filter and fc is the cutoff frequency. 

Hardware Selection 

(18.92) 

In this section, we discuss some of the practtcal issues related to selecting ana­
log filters, A/D converters, and DSPs. Although a complete discussion of these 
issues is beyond the scope of this book, we present general gu1delines and con­
s1derations. Detailed discussions of each of these issues can also be found m 
reference 58. 

Anti-Alias and Reconstruction Filters. As discussed earlier, the mam pur­
pose of anti-alias and reconstruction filters 1s to attenuate s1gnals above the 
Nyqmst frequency. The anti-alias filters rrummize contamination of frequencies 
below the Nyquist frequency by attenuating the spectral content of the signais 
above the Nyquist frequency. These higher frequencies are mterpreted as lower 
frequenc1es because of the nonlinear sampling process of the A/D converter. This 
phenomenon 1s referred to as aliasmg. Similarly, reconstruction filters attenuate 
components of the drive above the Nyquist frequency, which occur as a con­
sequence of sampled signals at the output of the DIA converter. The benefits 
of usmg anti-alias and reconstruction filters m combination w1th A/D and D/ A 
converters are discussed below 

The amount of attenuation required from an ant1-alias filter depends on the 
spectral shape of the sensor response and the des1red bandw1dth over which 
the controller needs an accurate representation of the signal. A sensor response 
that 1s mherently band linnted below the Nyqmst frequency may require only a 
low-order anti-alias filter or possibly none. Alternatlvely, a sensor response that 
is fiat or increasing with frequency will require a higher order antt-alias filter. 
For purposes here, we assume that the sensor response is fiat versus frequency. 
In addition, we impose a reqmrement of at least 40 dB attenuation of contri­
butlons from aliasing frequenc1es at the h1ghest frequency that 1s important to 
the controller Ua). From the context of controller implementation, however, we 
wish to achieve this attenuation while m1nimizing the group delay of the filter to 
acceptable levels. 

There are two basic approaches to selecting the filter. The first is to use a 
low-order filter w1th a relatively low cutoff frequency. The second 1s to use a high­
order filter with a higher cutoff frequency. Figure 18.78 compares the magmtude 
spectra and group delays for a fourth-order Butterworth filter and a s1xth-order 
Caner filter, both of which were designed to provide at least 40 dB of attenuation 
above f40 dB = 600 Hz. Both filters will meet the attenuation requirements for 
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. FIGURE 18.78 Companson of (a) magnitude spectra aud (b) group delay for 
fourth-order Butterworth (dashed curve) aud-si;th-order Cauer (solid curve) filters. 

frequenc1es below the1r respective cutoff frequencies (i.e., fa < fc) provided that 
the system sample rate is chosen such that 

fs 2: fa + /40dB (18.93) 

Consider first the case with j~ less than the cutoff frequency of the Butterworth 
filter (nominally 200 Hz) and a sample rate of 800 Hz. For this case, attenuation 
of aliasing components is assessed by "folding" the magnitude response of the 
filters about the Nyquist frequency of 800/2 = 400 Hz. As such, both filters 
prov1de the required attenuation of aliasing components m the frequency band 
below However, the group delay associated w1th the Cauer filter 1s less than 
that for the Butterworth for all frequencies below fa, particularly near 200 Hz. 

Now cons1der the case with fa = 350 Hz and a sample rate of 950 Hz. For 
this case, attenuatlon of aliasing components is assessed by folding the magnitude 
response of the filters about the Nyquist frequency of 950/2 475 Hz. The 
Cauer filter again satisfies the attenuation requirement because the sample rate 
satisfies (18.93). However, the attenuation requirement is not met by the 
Butterworth filter. In fact, less than 20 dB attenuat1on of aliasmg components 1s 

achieved at 350 Hz (i.e., the difference in the magnitude responses at 350 Hz 
and 950 350 600 Hz. Further, note that the maximum group delay of both 
filters in the frequency band below fa 1s approximately the same. 
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The above comparisons suggest that using higher order filters w1th high cutoff 
frequencies is preferable to using low-order filters w1th low cutoff frequencies. 
Although the preceding discussion centered on selecting anù-alias filters, sim­
ilar conclusions apply to reconstruction filters provided that the control filters 
are des1gned to reduce output levels above fa• Unfortunately, the cost of imple­
menting high-order filters will exceed the cost of usmg low-order filters. As a 
consequence, the performance benefits must be balanced agamst considerations 
of additlonal cost, as will be discussed further rn the example A..~VC system 
in Section 18.7 under MIMO Feedforward Active Locomotive Exhaust Noise 
Control System with Passive Component. 

Analog-to-Digital and Digital-to-Analog Converters. A typical data path 
from sensor mput to actuator dnve signal was shown m Fig. 18.77. That figure 
illustrates the use of both types of data converters reqmred for 1mplementing 
digital controllers, namely AJD and D/ A converters. The purpose of AJD con­
verters is to sample the continuous-time signals from the sensors at uniforrn time 
intervals ('T,. = 1 / fs) and quantlze the amplitude to a discrete set of amplitude 
levels. Because the sampling process is a nonlinear operat10n, antl-alias filters 
are typically used to band limit the sensor signals below the Nyquist frequency 
Us/2) before sending the s1gnals to the AJD converter. This minimizes the poss1-
bility that frequencies above Nyquist will contaminate the sensor response below 
Nyquist, which is referred to as aliasing . 

Figure 18.79 shows a frequency domain schematic of how anti-aliasmg filters 
are used m combination with AJD converters to lillilll111ze aliasmg e:ffects. The 
upper curve m Fig. 18.79a represents the spectrum of an unfiltered continuous­
time signal presented at the input of an AJD converter. For an AfD converter oper­
ating at a sample rate offs, signals above the Nyquist frequency (Fnyq = fs/2) 
will be interpreted as frequency below Nyquist. Fig. 18.79a illustrates schemat­
ically how frequencies above the Nyquist frequency will fold down into the 
frequency reg10n below Nyquist. The estimated spectrum below Nyquist will be 
the sum of the true spectrum below Nyqu\st plus any aliasmg components result­
ing from the frequency content of the signal that is above the Nyqmst frequency. 
As a consequence, aliasing components can cause the estimated spectrum to dif­
fer from the true spectrum of the signal in the frequency region below Nyquist. 
Antl-alias filters are typ1cally used to band lilllt the signals prior to the conver­
sion process to reduce the magmtude of any aliasmg components. Figure 18.79b 
is a plot of the magnitude response of an anti-alias filter designed to reJect fre­
quencies above the Nyquist frequency. When this filter 1s applied to the unfiltered 
signal of Fig. 18.79a, the resulting spectrum of the signal presented at the input 
to the A/D converter 1s that shown in 18.79c. As shown m this figure, much 
of the effects of aliasmg components on the estimated spectrum are removed, 
thus ensuring that the estimated spectrum is a more accurate representat10n of 
the true spectrum of the signal below the Nyquist frequency. 

Digital-to-analog converters are used to convert the digital sequences from 
the controller into analog signais that can ultnnately be used as drive s1gnals 
to actuator electronics. In the frequency domain, the sample output sequence 
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FIGURE 18.79 Use of anti-alias filters to Illlilimize aliasmg effects durmg A/D conver­
sion: (a) aliasing components of an unfiltered continuous-tiine signal digitized at sample 
rate fs; (b) magmtude spectrum of anti-alias filter; (c) aliasmg components of filterect 
contmuous-time signal digitized at sample rate fs. 

produces a spectrurn that contains "images" of the signal spectrurn below the 
Nyquist frequency, which occur at frequencies above the Nyqmst frequency. 
These image spectra are shown schematically in Fig. 18.80. The effects of the 
images must be minimized. Otherwise, the controller will drive the actuators 
at frequencies above the Nyquist frequency, resulting m increased out-of-band 
noise amplification. These out-of-band effects are reduced to sorne extent by the 
sample-and-hold (S&H) functionality that is integral to most DIA converters. 
As discussed earlier, the S&H introduces a delay equal to one-half the sample 
interval (T3 /2). In addition, it provides some filtenng of the output spectrum, as 
illustrated m Figs. 18.80b and 18.80c. To suppress the remaining signals above 
the Nyquist frequency, DIA converters are typically followed by smoothing or 
reconstruction filters. The effect of applying reconstruction filters on the Dl A 
output signal is shown in Fig. 18.80e. 

1\vo basic types of A/D converters are applicable for use in ANVC systems. 
The first type is referred to as "successive-approximation" (SA) AfD converters. 
The second type rn referred to as "sigma-delta" (Lb.) A/D converters. Table 18.1 

1 

1 
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FIGURE 18.80 Use of reconstruction filters to reduce image spectra at the output of 
D/A converters: (a) spectrum of digitized output signal at sample rate / 8 ; (b) magni­
tude response of zero-order sample-and-hold mtegral to D/A conve1ter; (c) spectrum of 
analog output of D/A converter pnor to reconstruction filter; (d) magnitude response of 
reconstruction filter; (e) spectrum of analog signal at output of reconstruct10n filter. 

compares some of the important features and differences between these two types 
of converters. 

The choice of A/D converter for an ANVC application will depend on the con­
trol architecture (i.e., feedforward or feedback), the type of sensor signals (i.e., 
reference or residual sensors), and the performance goals. For broadband ANVC 
applications that reqmre mimmal latency through the controller (e.g., reference 
sensors m a feedforward system or residual sensors m a feedback system), the 
delay associated with :E b.. AID converters is unacceptable. As a consequence, 
SA A/D converters should be used for those applications, and the extra cost of 
the converters and anti-alias filtering should be mcluded in the total cost of the 
ANVC system. We note, however, that low latency 1s nota necessary requirement 
for the residual sensors of a feedforward implementation. These sensor signals 
are used m the design of the control filters but are not themselves filtered bv 
·the control filter to produce output signals to the actuators. However, the latency 
associated with :E b.. A/D converters used on the residual signals will be seen as a 
delay in the plant transfer functions. This added delay will in turn reduce allow­
able convergence coefficients for LMS-based algonthrns58 but does not preclude 
their use. 
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TABLE 18.1 Comparison of Successive-Approximation and Sigma-Delta A/D 
Converters 

Successive-Approximation Converters 

Sample input signal at rate f, 

Reqmre use of relatively lngh-order 
anti alias filters to bandlinnt 
signals below Nyquist frequency 

Low latency ( on the order of a few 
µ,s) 

Quantize signal at multiple bit levels 
(e.g., 12 or 16 bits) 

Relatlvely expens1ve compared to 
:E Ll converters 

Sigma-Delta Converters 

Over sample mput signal nonunally at 64 
tunes desrred sample rate (i.e., 
/r,t, =•64fs) 

Only low-order (if any) anti-alias filters 
requrred ta bandlîmit signals below 
f,.t,/2. Integral high-order (linear-phase) 
digital filters bandlîmit signal below 
Nyqu1st frequency Cfs /2). Output is 
dec1mated (i.e., keep anly every 64th 
sample) ta produce sampled sequence at 
fs sample rate. 

High throughput latency (typically 32T,, 
where Ts = 1/f,) 

One-bit quantlzation at oversampled rate to 
provide comparable multi-b1t quantization 
(e.g., 12 or 16 bits) at fs sample rate 

Relatively inexpens1ve compared to SA 
converters 

.... __ ;) 

When low latency is not reqmred, the use of E Li converters can significantly 
reduce the costs associated w1th digitizmg the sensor signais. For example, a 
tonal feedforward ANVC system can use a Eli AID converter to dig1tize the 
reference signal. As before, digitization of the res1dual signals for this example 
can be done using I; Li AID converters, provided that the extra delay is acceptable 
m terms of convergence rate (if adaptive algoritlrrns are used). The choice of 
D/A converter is govemed by s1milar argmnents concemmg allowable latency. 
For instance, when low latency 1s not requrred, I; Li Dl A converters can be used. 
Alternatively, when latency must be rrrininuzed, conventional D/A converters 
should be used. 

For most ANVC applicat10ns, it is desirable to mitlate the sampling across all 
A/D converters usmg a common clock signal. In this way, ail A/D mputs will 
be synchronously sampled. Sirrrilarly, it is advantageous to sample ail the D/A 
converters usmg a comrnon clock signal as well. The D/ A converters could be 
clocked using the same clock pulse as for the A/D converters; however, to mrn­
imlze latency through the controller, li 1s useful to offset the D/ A clock relatrve 
to the A/D clock. In tins way, subsample latency can be achieved by sending 
signais to the D/A when they are ready, as opposed to waiting for a full sample 
penod. 

The final aspect of converter selection is quantization noise. When analog 
s1gnals are quantlzed to a firute number of amplitude values (e.g., 16-blt AID 
converter), the errors m the conversion process can be thought of as noise. For 
the signals of mterest for ANVC, tlus noise is modeled as uniformly distributed 
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from-LSB/2 to LSB/2. Here, LSB stands for the least-significant btt and is 
given by 

(18.94) 

where V corresponds to the voltage range of the converter (i.e., ± V) and M 1s 

the number of resolution bits (e.g., 16 for a 16-bit converter). For the assumed 
uniform probability distribution of the noise, the rms of the quanttzation nmse 
(QNrms) 1s equal to 

LSB 
QNrms = --

./ï2 
(18.95) 

For a sample rate fs, the spectrum of the quant1zat10n noise (QNpsaCf)) is white 
(i.e., fiat) with a power spectral denslty (PSD) amplitude given by 

LSB 2 /12 
QNpsd(f) = fs/2 (18.96) 

As an example, for a 16-bit converter with a voltage range of ±10 V and a 
sample rate of 1 kHz, the rms quantization noise [from Bq. (18.95)] is 88 µV, 
and the PSD level is -108 dB re 1 V2 /Hz. 

At tins pomt, 1t is useful to compare plots of 

• the expected signal levels (in volts from the sensor), 

• electrical noise fioors (associated with the sensors, analog filters, and gam), 
and 

• quanttzation nmse. 

To support a common companson, all of these voltage levels should be referenced 
to a comrnon point m the signal path (e.g., the amplifier input). These plots should 
be generated corresponding to both open- and closed-loop sensor responses. Sen­
sor sensitivltles, signal gain, and quantization noise can then be assessed within 
a common framework. The goal is to choose each of these to ensure that sensor 
signals will bave sufficient signal-to-n01se ratio (SNR) throughout the bandw1dth 
of interest. 

To illustrate some of the issues related to A/D converter selection, consider 
the example shown in Fig. 18.81. The vanous curves grouped m the center of 
th1s plot correspond to the expected signal levels from multiple residual sensors, 
expressed in dB re V2/Hz, referenced to the input of a bank of s1xth-order Cauer 
filters. The filters are used to prov1de anti-alias filtering as well as programmable 
gain for these channels. The cutoff frequency is approx1mately 800 Hz. The 
power spectral density of the noise from the antl-aliasmg filters at their mput 
(labeled PFI noise m the figure) falls between -155 dB and -150 dB re 1 V2/Hz. 
The spectral density of the sensor n01se floor reference to the filter input is 
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FIGURE 18.81 Comparison of signal level versus electncal and quantization n01se. 

approximately 130 dB re 1 V2illz at 2 Hz and drops to -145 dB re 1 V2/IIz 
at 100 Hz. 

The rms levels for the sensor signals (needed for quantization n01se esti­
mates as mdicated below) are deterrmnftd by integratmg the mean-square voltage 
responses across frequency and -takmg tfie square root. For these spectra, the 
largest nus level 1s approximately -57 dB re 1 Y Assummg the statistics of 
these responses is random (i.e., wlth a crest factor of 4 or 12 dB), a peak volt­
age response for this group of sensors 1s estimated to be approximately --45 dB 
re 1 V The spectrum level of the dig1tizat1on n01se (at the filter input) can 
be estimated from Eq. (18.96), where the voltage V in Eq. (18.94) is taken 
(at the moment) to be the peak voltage of the sensor signals (i.e., -45 dB re 
1 V 5.5 mV). As such, the spectral levels of dig1tization noise for 12- and 16-
bit converters, assummg a sarnple rate of 2 kHz. are -152 dB and -176 dB re 
1 V2/Hz, respectively. The SNR for these sensor measurements 1s a function of 
frequency and corresponds to the spread in· decibels between the estimated signal 
responses and the maximum of the electncal noise (from filters and sensors) or 
the digitlzat10n noise. The SNR is nearly 30 dB throughout the frequency band 
of concern. 

For the example shown m Fig. 18.81, it is sufficient to use a 12-bit converter 
smce the SNR is limited by sensor noise as opposed to digitization n01se up 
to about 100 Hz. Above that frequency, the SNR will be limlted by digîtlzac 
tion noise if a 12-bit converter is used or by PFI noise if a 16-bit converter 1s 
used. Further, if the converter (12- or 16-bit) has a voltage range of ±1 V, the 
programmable gam should be set at approximately 33 dB to allow 1-2 bits of 
headroom to avo1d clippmg. 

The example case in Fig. 18.81 illustrates the relatively complex mterde­
pendencies that must be considered when selectmg ANVC hardware to ensure 
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adequate SNR, which in general will be a funcuon of sensor noise and sens1tivity, 
anti-alias filter n01se, AfD converter quantization noise and voltage range, system 
gam, and sample rate. 

Digital Signal Processors. As discussed earlier, the rap1d growth m ANVC 
systems and applications over the past 25 years can be traced m large part to 
the advent of DSP chips. These chips are optlrmzed to perform operations on a 
sample-by-sarnple basis. That is, these chips read m data one sample at a time, 
perform large numbers of computations, and then output a sample. This is m 
contrast to other central-processing umts (CPUs) that read in groups (i.e., buffers 
or blocks) of data, operate on the entire buffer, and then output buffers of data. 
These later processors can often perform larger numbers of computations than 
DSP chips, but therr latency 1s on the order of thé block size. 

Digital signal processors are 1deally suited to perfonn the low-latency digital 
filtering requrred by ANVC algorithms. As such, they are widely used in the 
design of adaptive control systems based on the algorithms presented m tins 
chapter. In addition, current DSP technology supports h1gh-speed cormnumcation 
between DSPs to support applications wlth large numbers of inputs and outputs 
(e.g., many tens of inputs and outputs) as well as large digital filter s1zes (e.g., IIR 
filters with over 5000 taps per filter). For these large-scale problems. efficient low­
latency implementation of the digital filters can be ach1eved by comb1mng DSPs 
w1th high-powered CPU compute engines such as PowerPC (PPC) chips. Further, 
the relatively large latency assoc1ated with the PPC chips may be acceptable to 
perform much of the "off-line" algonthms assoc1ated w1th system identification 
and control filter design when using direct estimation as opposed to adaptive 
filter algorithms. 

Once the control algorithms have been selected, the computat10n and memory 
reqmrements can be determined for ail "in-line" filtenng and "off-line" processes. 
These requirements should then be mapped to DSPs and PPC chlps, as necessaty. 
Floating-pomt DSPs such as the TMS320C6701 are rated at 1 Gflop and mclude 
up to 128 MB of fast-access memory. Compute engmes like the PPC7410 are 
rated at 2 Gflops w1th up to 512 MB of local memory. In addit10n, PC or VME 
(workstat10n) boards are currently available with up to four of each type of pro­
cessor per board and support high-speed communications between processors on 
a g1ven board as well as processors located on other boards. These processor-to­
processor commumcations are supported by high-speed interconnect architectures 
such as Mercury RACE++, Spectrum DSPLink, and SKY channel. 

As an example, Fig. 18.82 shows the hardware archltecture for a large-scale 
ANVC system incorporatmg both DSPs and PPC chips, including high-speed 
communication over a Mercury RACEWAY mterconnect. The signal path from 
the reference sensors to the actuator drive s1gnals includes high-order anti-alias 
and reconstruction filters w1th cutoff frequencies near the Nyquist frequency. 
Successive-approximation converters are used to mmimize latency associated 
with the conversion. A combination of DSPs and PPC chips are used to effic1ently 
unplement the digital control filters to mmimize latency.84 The residual sensor 
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signals pass through anti-alîas filters and are dig1tized usmg sigma-delta convert­
ers. These data support off-line functionality associated with system identification, 
control filter design, and probe-signal mjection, wh1ch are performed on multiple 
PPC chips. Communicat10ns between the DSPs and PPC chips are primarily car­
ned over Mercury' s RACE++ mterconnect bus, w1th additional commurucations 
occumng over the VME bus. In this way, the compute power associated with 
PPC chips can be used to efficiently perform off-line fonctions (e.g., direct esti­
mation of plant and control filters), which can be passed to the m-line processors 
(DSPs and PPC chips) to support adaptation of the control filters . 

Finally, we note that fixed-point DSPs as wyll as floating-point DSP dev1ces 
are available. The floatmg-point dev1ces are much easter to program and are 
often chosen for proof-of-princ1ple systems or for final systems that are not 
highly cost sensitive. When cost 1s a drivmg issue, fixed-point devices should be 
considered. The final choice must balance the higher nonrecurring cost associated 
with programmmg fixed-point dev1ces and the potential increased CPU overhead 
due to lIIlplementmg floatmg-point arithmetlc on a fixed-point device against the 
lower recurring per-umt cost 

Contrai System lmplementation and Testing 

Once the simulations and hardware selections have been made, the control system 
1s implemented and performance tests are conducted. In this section, we discuss 
the basic operatmg modes and features of a controller that should be cons1dered 
durmg implementation to support the subsequent testing phase. 

For each of the modes discussed below, parameters that can be changed dur­
mg system operation (referred to as "soft" parameters) and those that cannot be 
changed during operation (referred to as "bard" parameters) must be identified. 
Soft parameters provide the fiexibility to modify and tune certam parameters dur­
mg system operatlon, wh1ch is often an invaluable feature m prototype systems. 
Allowing parameters to be changed "on-the-fly," however, adds complexity to 
the implementation. As such, lists of desired soft and hard parameters should 
be 1dentified early on m the implementat10n phase so that the appropriate com­
mumcations between a user interface and the embedded controller codes can be 
included. The typical operating modes and features of a controller are summa­
rized in Table 18.2, including references to soft parameters that are useful in 
supporting each mode. 

As indicated, an ANVC controller will typically have two pmnary operatmg 
modes, namely system identification and control. The purpose of system iden­
tification is to estimate the transfer fonctions (or eqmvalently impulse response 
funct10ns) from the actuator control signais to sensor responses (both references 
and residuals). This identification 1s initially performed with the control filter 
set to zeros but can subsequently be performed dunng closed-loop operat10n, 
as discussed in Section 18.4 under System Identification. Once an 1mtial plant 
estrmate has been obtamed, operational measurements of the system responses 
are obtamed to characterize the "uncontrolled" (i.e., open-loop) response. These 
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TABLE 18.2 Controller Operating Modes and Features 

Operating Mode 

Open-loop characterization of system 
response 

Open-loop system identification 

Closed-loop operation with filter 
design based on open-loop 
response and system identification 

Concurrent closed-loop system 
identification and control-filter 
adaptation 

Save operational "state" 

Load saved "state" and restart 
controller 

Descnpt:ton and Features 

Collect measurement of res1dual sensors 
during normal "uncontrolled" (i.e., 
open-loop operat:ton) 

Estunate plant models between actuator 
drive signais and sensors. Soft parameters 
include probe strength. adaptation 
coefficients, leakage coefficients, 
regulanzation parameters, and actuator 
channel selection. 

Collect measurements of residual sensors 
during "controlled" (i.e., closed-loop) 
operation. Soft parameters include 
adaptation and leakage parameters, 
control effort and robustness we1ghtmg 
parameters, and regulanzatlon parameters. 

Collect measurements of res1dual sensors 
dunng "controlled" (i.e .. closed-loop) 
operat:lon, while probe s1gnals are 
iUJected for the purpose of closed-loop 
system identification. Soft parameters 
include those cited above for system 

"~ .. , - ,0identification and closed-loop operation. 
In addition, software flags should be 
induded to initlate use of updated plant 
models in the control filter design 
algorithm. 

All controller mformation necessary to 
restart the controller should be saved. 
This includes, plant and control filter 
coefficients, all bard and soft parameters, 
operating mode. and probe signal path 
parameters. 

Load m a saved "state" and start operation 
using saved parameters and filters. 

responses are also used to design control filters to support operation in the control 
mode. Once m the control mode, probe signais can be inJected to support closed­
loop system identification and to support adaptation of control filter coefficients. 
Soft parameters can be adjusted to optirmze performance. Closed-loop system 
responses should then be collected and compared w1th open-loop responses to 
evaluate system performance versus performance objectives and goals. 

The final two rows of Table 18.2 mdicate the desire to be able to save the 
"state" of the controller at any pomt in time. By state, we mean all controlJer 
parameter values and filter coefficients are saved for the purpose of restartmg the 
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system at that state m the future. As such, the controller can be started from a 
closed-loop operating state or from some mitial operatmg state (e.g., open loop). 
It 1s convement for prototype systems to mclude a graphical user inte1iace (GUI) 
through which operat10n mode, soft parameter values, performance assessments. 
and save/load state functionality can be monitored and controlled. Once an ANVC 
system has been successfully tested, values of soft parameters and log1c for 
progressmg from open-loop to closed-loop operation can be automated withm 
the software, thus resulting in a stand-alone ANVC system. 

18.7 EXAMPLES OF ANVC SYSTEMS 

In this section we present three prototype active systems that illustrate the appli­
cation of the princ1ples outlined m the previous sect10ns of this chapter. All of 
these systems were developed to demonstrate the technology and one 1s currently 
operational on a complete class of U.S. Navy slups. All three demonstrate the 
effectiveness of active nmse and vibration control technology when appropri­
ate design procedures are followed. The first example mvolves the synerg1stic 
application of a combination of active and passive noise reduction treatments. The 
example demonstrates the successful control of a source of n01se that would have 
been difficult using ouly passive or only active approaches. The second example 
demonstrates the application of feedback technology to the control of both broad­
band and narrow-band vibration transm1ss1on through a vibration isolat10n mount. 
The final example illustrates the use of active noise control technology to generate 
a zone of silence in a n01sy envrronment. 

MIMO Feedforward Active Locomotive Exhaust Noise Contrai System 
with Passive Component 

Prob/em Description. When operated at full power diesel-electric locomo­
tives generate significant noise and can have a significant adverse impact on 
the quality of life near major railroad lines. The sources of nmse are shown m 
Fig. 18.83.85 As indicated in the figure, the primary sources of diesel-electric 
locomotive noise are the engine exhaust and the cooling fans, both of which 
must be reduced before s1gnificant noise reductions can be realized. The active 
noise control system developed for tlus application focused on JUSt the exhaust 
noise, fully recognizing that later efforts would have to attack cooling-fan noise 
if s1gnificant overall locomotive noise reductions were to be achieved. Active 
technology was cons1dered for th1s application because locomotive exhaust noise 
is s1gnificant at very low frequencies (below 40 Hz), and passive noise control 
treatments (e.g., dissipative or reactive mufflers) that could achieve the desrred 
noise reduction would simply be too large to fit in the space available. 

The basic concept for the system86•
87 is illustrated in Fig. 18.84, where a plan 

v1ew of the top of the locomotive hood is shown near the exhaust stack. The figure 
shows a number of loudspeakers, the control actuators, surrounding the exhaust 
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FIGURE 18.83 Noise sources on an SD40-2 diesel electnc locomotive measured at 
100 ft w1th the locomotive runnmg at throttle 8 at full load. 
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FIGURE 18.84 Plan view of the locomotive hood w1th the basic system concept. 
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stack and a number of control microphones located near the edge of the hood 
that will actas the residual sensors. It was detenmned based on exhaust noise 
measurements that at low frequencies where the a_çtive system would be des1gned 
to operate, the n01se was pnmarily tonal and so a feedforward architecture was 
selected that used a tachometer on the locomotive diesel engine as the reference 
signal. 

Performance Goals. Based on the source mformation in Fig. 18.83, lt was 
decided that 10 dBA of overall reduction in exhaust noise would be des1rable to 
have a significant impact on community n01se (assummg of course that cooling­
fan noise would eventually be snnilarly reduced). After exarruning the locomotive 
exhaust noise spectra we determined that to achieve 10 dBA of overall noise 
reduct10n would require that the exhaust n01se be controlled out to at least 5 kHz. 
Since extending the bandwidth of the active system outto so high a frequency and 
reqmring broadband control would place excessive demands on the technology, 
we dec1ded on a hybrid approach. At low frequency where the n01se 1s primarily 
tonal we dec1ded to employ an active system. At h1gh frequency where the noise 
is pnmarily broadband in character we determmed that a passive silencer would 
be most advantageous. Such an approach 1s desirable because active technology 
1s well developed for the control of low-frequency tonal n01se and at h1gh fre­
quency passive silencers can be effective without havmg to be large m s1ze. Both 
technologies were required because we found that 

• active control of tones in the exhaust below 250 Hz with no broadband 
control at the higher frequencies would result in less than 1 dBA of noise 
reduction and 

• no contrai oftones tn the 0-250-Hz band would lilllt the maximum reduc­
tion of exhaust n01se to ~5 dBA. 

We ultimately dec1ded that 10 dBA of exhaust noise reduction could be achieved 
with 

• an active system prov1ding 10 dB reduction of exhaust tones below 250 Hz 
along with 

• a passive silencer prov1ding 5 dB of broadband noise reduction frorn 250 
to 500 Hz and 15 dB reduction from 500 to 5500 Hz. 

Figure 18.85 shows the silencer designed to prov1de the above noise redue­
bon perfonnance. It 1s a very compact design with the center body and side 
chambers des1gned to provide the necessary insertion loss while mamtaimng the 
back pressure low enough to meet locomotive diesel engine specifications. The 
silencer was designed to allow the speaker enclosures to surround It, with the 
whole assembly fi.tting within a protective enclosure in the engine compartment. 
While the passive silencer was a cntical component in the entire system design, 
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FIGURE 18.85 Compact passive silencer design. 

we focus here only on the active system. Details on the passive silencer can be 
found m references 86 and 87. 

Number and Location of Actuators. We began the design process by deter­
mining the number and location of control actuators (loudspeakers). Figure 18.86 
shows a typical arrangement of actuators that we exammed in simulations in 
wh1ch the exhaust stack and control actuators were treated as point sources. In 
the simulations we formed a matrix of tra:fisfer functions relating the sound pres­
sure at 90 locations in the horizontal plane 30 m from the exhaust stack to the 
control speaker volume velocities at 32 speaker locat10ns around the exhaust 
stack, as illustrated in Fig. 18.86. Figure 18.87 shows the ratio of the s1gnificant 
singular values to the largest singular value as a functlon of frequency for that 
transfer funct10n matrix. In pnnc1ple the number of s1gnificant singular values 
tells us the Ininimum number of actuators needed to prov1de significant con­
trol of the source. We found (not surpnsmgly), while carrying out calculations 
of this type, that the minimum number of singular values (control sources) was 
acbieved when the cèmtrol sources were placed as close as possible to the exhaust 
stack. Consequently, we carned out a prelirmnary design of the control speaker 
enclosures to determme a realistic Inimmum spacmg between the exhaust stack 
and the enclosure outlets. The calculations in Fig. 18.87 were carried out for 
that mimmum spacrng. The figure shows that at 250 Hz e1ght singular values 
(including the largest) lie within 20 dB of the maximum. Since we are looking 
for only 10 dB reduct1on in noise, the use of e1ght actuators arranged as shown 
m Fig. 18.85 seemed to be a conservative cho1ce. The performance predicted by 
this arrangement is shown in Fig. 18.88. While the noncausal noise reduction 
predicted by this calculation is much larger than we would expect to achieve, 
lt was comforting to see that eight control actuators seemed to be more than 
adequate. 

Number and Location of Contrai Sensors. The evaluations in the prev10us 
section placed the control sensors in the far field. In reality the microphones 
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FIGURE 18.88 Predicted far-field1:1eqormance of e1ght control actuators. 

will have to be placed somewhere on the locomotive hood. Consequently. we 
developed an additmnal set of transfer fonction matrices relating the sound pres­
sure at candidate control microphone locations on the locomotive hood to control 
speaker volume velocity at the prev1ous 32 locations around the exhaust stack. 
We then determined the volume velocity reqmred to minimize the pressure at 
the control microphones and then used those values with the prev10us transfer 
funct10n matrix to predîct the reduction m far-field pressure. Figure 18.89 shows 
the results of that calculation for a number of different control sensor locations. 
The solid curve in the figure 1s for the final control sensor placement, a line of 
four sensors along the two edges of the locomotive hood, similar to that shown 
m Fig. 18.84. A number of calculations of th1s type were used to help in the 
selection of control sensor locations. Other issues that came into play m the 
selection included the degree of dominance of exhaust noISe over other sources 
at the candidate sensor locations, mterference w1th other locomotive components, 
heat, and routing of cabling. 

Contrai Actuator Design. The srmulations for control sensor placement can 
provide, as part of the calculation, the estimated volume velocities reqmred from 
the control speakers, provided realistic values of the uncontrolled sound pressure 
at the control sensors are used m the calculations. Measurements of the sound 
pressure at various locations on the hood of a test locomotive were acqmred to 
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FIGURE 18.89 Predicted far-field n01se reduction of eight control actuators with van­
ous configurations of e1ght control sensors. 

prov1de those data. Simulations were then performed to determme the optimum 
control speaker volume veloc1ties. That mformat10n was used m the selection 
of the control speakers and the of the speaker enclosures. The enclosure 
design 1s shown m Fig. 18.90. Two different enclosure geometries were reqmred 
to allow tlle necessary number of enclosures to fit in the space available around the 
exhaust duct. Each enclosure contams two 12-in.-diameter high-fidelity speakers 
and 1s designed to provide bandpass frequency response, enhancing the volume 
veloclty m the 40-250-Hz frequency range. The enclosure-speaker system was 
designed a commerqially available computer prograrn. 

Figure 18.91 shows tlle arrangement of the control speaker enclosures around 
the exhaust stack. By careful design we were able to fit 10 enclosures m the 
space available. However, we retamed only e1ght mdependent channels to drive 
the speakers. Because the simulations mdicated that very high volume velocity 
would be required of the speakers on the centerline of the locomotive, we placed 
two speaker enclosures on each s1de of the centerline, as mdicated in Fig. 18.91, 
rather than a smgle one on tlle centerline. We ilien drove each of the two pairs 
of enclosures with a smgle controller output channel. 

Contrai Architecture. As indicated above, we decided early m the design 
process to use a feedforward control architecture si.nec the technology 1s well 
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FIGURE 18.90 Control speaker enclosure design. 
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FIGURE 18.91 Control speaker arrangement in the locomotive. 

developed for tonal control problems. A simplified control block diagram 1s • 

shown in Fig. 18.92. The figure shows the typical adaptive MIMO LMS filtered­
x architecture with eight control filters and an 8 x 8 plant transfer function matrix. 
A more detailed block diagram 1s shown m Fig. 18.93, where probe inJection is 
shown for plant identification along with the additional LMS blocks for estirnatmg 
the plant while mininùzing the n01se m the estimate. 
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FIGURE 18.92 Simplified basic block diagram of the control architecture. 
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FIGURE 18.93 Detailed controller block diagram. 

Hardware Selection. We dec1ded early in the design process to use 12-bit 
successive-approximation A/D converters, smce the lower discretization nmse 
associated with 16-bit converters was not needed in this application. A commer­
cially available mput-output (I/0) board from Loughborough Sound Images was 
.found that provided 16 mput channels (A/D converters) and 8 output channels 
(sample-and-hold DIA converters) and in addition provided third-order Iow-pass 
Butterworth filters for anti-aliasmg and reconstruction. We dec1ded to use the on­
board filters because prov1ding a separate set of filters would have been too costly. 
Since these filters roll off very slowly with increasing frequency, we needed to 
use a sampling frequency much higher than would be needed to achieve the 
desired control bandwidth. Consequently, we sampled at 2000 Hz and set the 
cutoff frequency of the filters to 720 however, m the control computat10ns 
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we downsampled the digital s1gnals by a factor of 4. This gave us an effectrve 
sampling rate of 500 Hz and a control bandw1dth on the order of 250 Hz. 

Estrmates of computational load and memory reqmrements for the applicat10n 
are shown m Table 18.3. These estimates were based on up to 200 taps for each of 
the plant filters and 180 taps for each control filter. The table is div1ded into two 
funct10ns: in-line control and system identification. In-line control is the functron 
associated with implementrng the control algorithm and system identification is 
the measurement of the plant transfer function, which must be updated period­
ically to maintam good control performance. It was dec1ded to use two Texas 
Instruments TMS320C44 DSP chips available on a commerc1ally available car­
ner board from Loughborough Sound Images. The board provided more than 
suffic1ent memory for the two operat10ns. Each DSP ch1p 1s clocked at 60 MHz 
and is capable of up to 30 million floating-point operat10ns per second (Mflops). 
It was dec1ded to separate the two functions mentioned above with the pnmary 
DSP prov1ding all of the control processmg and the secondary DSP carrying out 
all of the system identificat10ns tasks. 

System Performance. The control system described above was rmplemented 
on an F40PH passenger locomotive operated by Chicago Metra, a commuter rail 
line m the Chicago metropolitan area. Testmg was carned out at the 51st St. 
Rail Yard in Chicago. The rmcrophone locations for the evaluation are shown m 
Fig. 18.94. The number of available rmcr2phone locations was lim1ted because 
of the presence of other equipment and structures m the yard that would have 
mterfered with the acoustical evaluation. Uncontrolled measurements were made 
before installation of the passive silencer. The performance of the system was 
then measured w1th the passive silencer in place and with the active system 
turned on and mrned off. 

Figure 18.95 shows the reduction of the tonal noise at microphone 5 on the 
roof of the locomotive due to the use of the active system for the locomo­
tive operatmg loaded at throttle 4. * The figure shows significant reduction of 
all of the important tones with some amplification of the low-amplimde tones. 

TABLE 18.3 DSP Computation Requirements for 
the Active System 

Operat10n 

Control 
System identification 
Total 

MFLOPS 

22.4 
9.6 

32.0 

Memory (Kbytes) 

107 
10 

117.0 

*The locomotive diesel engme was loaded by passmg the power from the alternator driven by the 
engine through the locomotive dynanuc brake grids (large resistors cooled by the ctynanuc brake 
fan). The locomotive can be operated unloadect al idle and can be operatect loadect or unloaded m 
any one of eight throttle seltlng. Throttle 1 corresponds to the lowest speed and lowest power and 
throttle 8 1s the highest speect at full power. 
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FIGURE 18.94 Microphone locations for the evaluat10n measurements. 
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FIGURE 18.95 NoISe reductlon performance of the active system at throttle 4 loaded 
as measured at a rmcrophone on the roof of the locomotive. 
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TABLE 18.4 Estimated Noise Reduction at the Far-Field Microphones 

Throttle Load IU1C5 illlC 1 mie 2 IDlC 3 mie 4 

idle unloaded 5.1 5.2 6.5 6.1 6.4 
hi idle unloaded 8.7 6.5 8.9 5.8 7.4 
t4 unloaded 6.9 5.2 4.1 5.6 5.4 
t6 unloaded 7.7 6.6 5.6 6.4 6.0 
t8 unloaded 5.8 -0.1 3.7 6.2 4.7 
t4 loaded 6.4 5.2 4.1 4.7 4.6 
t6 loaded 4.3 -1.9 1.2 2.8 L7 
t8 loaded 6.9 2.9 6.5 6.6 6.6 

The reduct10n of the overall sound level below 250 Hz 1s in excess of 12 dB. 
Table 18.4 shows the overall A-we1ghted noise reduction due to the passive 
silencer and active system operating together. The reductions are somewhat less 
that the 10-dBA goal but are still significant for most operating conçlit10ns and 
for most nucrophone locations, showmg that the hybrid active-passive system 
has provided significant broadband global n01se reduction. 

Active Machinery Isolation 

Problem Description. It 1s difficult lo_ gchieve desrred vibration isolation at 
low frequency using passive machrnery mounts. Often, to achieve low-frequency 
isolation, two-stage 1solators are employed, which incurs a very large we1ght 
penalty for the intermediate mass between the two 1solators. In some applications, 
such as marine vessels or arrcraft, the weight of the mtermediate mass has an 
adverse economic and vehicle performance impact. 

The forces transrnitted mto machinery foundations generally contain narrow­
band and broadband components. Reduction of the contmuous or broadband 
spectral components as well as the discrete or narrow-band spectral components is 
often necessary to meet noise or vibrat10n goals. In addition, the tonal frequenc1es 
of the narrow-band excitation can change quite rapidly w1th time due to changes 
in operating speed. Further, the plant transfer fonction (i.e., the transfer funetion 
between the drive signal to the actuator and the sensor response) is expected to 
vary with time. 

Finally, the machinery foundations of interest are often complex, large, dis­
tributed mechanical structures that are lightly damped and have a large number of 
resonant modes in the frequency range of mterest. Thus, typically, plant transfer 
fonctions are of high order with high-Q response components. Moreover, the 
order (e.g., complex1ty) of the plant increases as the bandw1dth of the controller 
1s mcreased. 

Based on the above observations, the control problem 1s defined as follows: 

• Prov1de both narrow-band and broadband reduction of forces transmitted 
into the machinery foundation structures. 
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• Adapt rapidly to variations in the tonal frequenc1es of narrow-band 
excitations. Adapt at a relatively slower rate to variations in the plant. 

• Minimize controller bandwidth to mininrize complex1ty of the plant transfer 
function and consequently the controller. 

• Pro,ide the desired performance while avoiding out-of-band vibration 
amplificatlon. 

The final item 1s based on our-expenence with applications which reqmre in­
creased ISOiation performance within a certain frequency range but which will 
not tolerate significant degradation in isolation system performance outside the 
regulation bandw1dth of the active system. Acceptable levels of out-of-band 
enhancement (i.e., nmse amplification) are typically 2-3 dB. 

In the following section, we describe an active isolation system designed to 
meet these requirements. We consider a feedback algorithm, because in general 
there is not a suitable reference sensor available to aclueve broadband control 
using feedforward control. Although this discussion pertains to SISO control, the 
algonthms and control architecture are extensible to MIMO control. 

Description of Contrai Strategy. 
Rea/-Time Contrai Processing The basic real-tlme controller structure 1s sho­
wn in Fig. 18.96. This 1s the compensator-regulator architecture that was intro­
duced in Section 18.5, where the plant, designated as P((J)) in Fig. 18.96, is the 
transfer funct10n between the output of the controller and the net force transrnitted 
to the foundation. 

The controller is implemented as a cascade of two filters because we w1sh 
to adapt the low-order regulaüon filter coefficients qmck:ly to track changes in 
the center frequency of narrow-band components of the disturbance. At the same 
time, we choose to adapt the relatively high-order compensation filter at a slower 
rate to track changes in the plant transfer funcüon. 

Adaptation Processing The full functionality of the adaptive controller is 
shown m Fig. 18.97. The "concurrent adaptation processing" block prov1des two 
types of adaptation: 

Disturbance Residual 
response + response "-

• • L1-------------------r1► 
d "-

Contrai 
response Plant 

P(ro) 

FIGURE 18.96 Feedback compensator regulator. 
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Residuai sensor 
Disturbance Residual 

_,_es_po_n_••...,_, L ,_ ______________ c,re"'s ""on""se"--------ia-..,.-,.. 
ri 

Controller 
Control force Plant 

P(ro) 

Note: A/D, DIA, and stgnal 
condltionlng omitted for 
presentation simplicity 

FIGURE 18.97 Controller functionality. 

1. Variable narrow-band center frequency adaptation: 
• measurement via a tachometer ( or other distmct speed or repetition rate 

measurement sensor) and a trackmg filter of the center frequency of 
narrow-band response due to periodic excitation and 

·-· i:) • computat10n and updating of filter coefficients of the digital narrow-band 
regulation filters based on the currently rneasured center frequency and 
rate of change .of the center frequency. 

2. Variable plant adaptation: 
• system identification in the sense of plant frequency response est1mat10n 

and 
• computation and updatmg of filter coefficients of the digital broadband 

compensation filter. 

System identification is perfonned dunng closed-loop operation using the pro­
cedure outlined in Section 18.4. The major aspects of this procedure mclude (a) 
mserting a low-level calibration signal, which 1s uncorrelated with the extemal 
disturbance, into the compensat10n filter; (b) estimatrng the cross-spectra of the 
calibration signal with both the plant mput and output; and (c) estirnating the 
plant transfer fonction as the ratio of these two cross-spectra. Details of the 
processing of cross-spectra to estimate the plant as well as the design and injec­
tion of a covert probe signal are also discussed m Section 18.4 under System 
Identification. 

The probe signal 1s suffic1ently low m level that 1t does not add appreciably 
to the residual, and its bandw1dth 1s matched to the full compensation band. 
Although lt 1s low level, a good-quality estimate of the plant transfer fonction 
can be obtamed with suffic1ent averaging time. In the performance plots that 
follow, estlmates of the plant were updated approximately every 2 min. 
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Since we are concerned with a lightly damped mechan1cal structure and rela­
t1vely large compensation bandwidths (e.g., 800 Hz), a FIR filter irnplernentation 
of the compensation filters woul<(have required a large number of coefficients. 
To reduce both the off-line and on-line computation load, we opted to use IIR 
filters designed by a mult1step Yule-Walker method. 

Hardware Description. Figure 18.98 presents a block diagrarn of the con­
troller hardware. The algonthmic functionality of the controller is perfonned by 
four TMS320C30 DSP chips operating m parallel. The allocation of controller 
funct10nality to the indiv1dual DSP processors can be summarized as follows: 

In-Lzne Processor. Performs the digital filtenng of the regulation and compen­
sation fi.Hers for the in-line data path. 

Desamp Processor. Responsible for all off-line tasks associated w1th gen­
erating the desampled data buffets presented to the system identification 
algorithm. Replication filters and reference signal processing are also per­
formed m th1s processor. 

Sys_ID Processor. Perfonns the system identification and compensation filter 
weight algorithms. The compensat10n filter weights are then cop1ed to the 
in-line processor. 

Monitor Processor. Collects data from the other processors and uploads data 
to the host for momtonng and evaluating system performance. 

FIGURE 18.98 Controller hardware block diagram. 

/\ 
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The controller implementation mcluded custom-built AID and D/ A converter 
boards plus a logic controller board. The controller board provided a bigh-speed 
two-way mterface between the DSP processors and the AID and D/A boards. 
Two Sky Challenger boards, each of wlnch contain two TMS320C30 chips per 
board, commumcated w1th each other and the host computer over the VME bus 
and provide up to 132 Mflop computation rate. A SPARC workstation was chosen 
as the host computer. 

Performance Example. The controller was connected to a prototype 
active/passive machinery mount located between one leg of a 1300-lb, 140 
brake horsepower (BHP) at 2800 rpm, Detroit Diesel model 4-53 engine and 
a representative complex foundation structure. A p1cture of the active/passive 
mount and a schematic of the system are shown in Fig. 18.99. A detailed 
discussion of the engine, active/passive mount design, and test ng can be found 
in reference 88. 

The test objectives were to prov1de at least 15 dB of narrow-band regulation 
at the fundamental and next four harmonies of the piston-firing frequency. In 

Passive 
mount 

FIGURE 18.99 Act1ve/pass1ve mount and schematic of system. 
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addition, 10 dB of broadband regulation was desired over the frequency interval 
from 10 to 80 Hz wbile maintaming noise amplification below 5 dB outside 
the regulation bandwidth. To rneet these obJectives, a compensation bandwidth 
of 833 Hz and the system sample rate of 10 kHz were chosen. Latency of the 
digital system (including delay associated with the sample-and-hold on the D/A 
converter) was 60 µ,s. 

The closed-loop performance of the active isolation system is shown in 
18.100. This plot presents the ratio of the open- to closed-loop residual 

force transillltted into the foundation structure. As shown m tlns figure, narrow­
band reductions m excess of 15 dB are aclneved at the first five p1ston-finng 
tonals. In addit10n, approxunately 10 dB of broadband regulation is achieved 
from about 15 to 80 Hz, whlch spans most of the frequency interval containmg 
the tonals. Finally, this performance is achieved while lim1ting noise amplification 
to approximately 5 dB outside the regulatlon bandwidth. The very fine structure 
at higher frequencies of the measured ratio of open- to closed-loop forces, wh1ch 
sometimes goes below -5 dB, is due to harmomc distortion of the actuators 
(wlnch were bemg driven very bard), rather than any shortcommg of the control 
processor. 

Active Contrai of Airborne Noise in a High-Speed Patrol Craft 

The Navy' s new h1gh-speed patrol crafts are powered by four mam propuls10n 
diesel engmes that deliver a total of 13,000 shaft horsepower to a set of four 
propulsion shafts. The operation of these engines produces propeller blade rate 
tonal noise and broadband cavitation noise that propagate through the hull, pro­
ducmg h1gh noise levels in the aft-crew bertlnng compartment, wbich is located 
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FIGURE 18.100 Reduct:J.on of transnutted force into foundat1on for active/passive 
mount relative to passive mount. 
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Just forward of the propellers. Although extensive passive noise control treat­
ments have been applied to reduce the nmse in this compartment (including 
floatmg floors, double bulkheads, and constrained-layer damping), the 63- and 
125-Hz octave-band and overall (dBA) arrbome nmse levels exceeded the Navy's 
acoustical habitability specificat10ns. Table 18.5 compares measured third-octave­
band and overall sound levels in the aft-crew berthing compartment for the first 
three ships of the class to the noise specification lirnits.89 These measurements 
mdicated that reductions m the 63- and 125-Hz octave bands were necessary to 
reduce overall A-we1ghted nmse to acceptable levels. 

To address this problem, several opt10ns were explored for reducmg the low­
frequency noise m the aft-crew compartmenLBecause passive treatments are 
least effective m this frequency region, several active nmse and vibration con­
trol concepts were evaluated. These concepts included methods for both global 
and local control, usmg feedforward and feedback control strategies, and with 
digital and analog control hardware. To assess the benefits of each approach, 
a set of acoustical trials were conducted iuitially to measure the operational 
noise characteristics, path transfer functions, and cmnpartment acoustical char­
acteristics. These data were used to simulate performance of the various control 
options. 

The approach chosen for 1mplementat1on was local control of the sound field 
near the head of each bunk using a SISO feedback control strategy. This approach 
creates an effective "zone of silence" inJJ1e immediate vicinity of the occupanfs 
head. This approach is shown schematicalÎy in Fig. 18.101. Laboratory simula­
tions usmg measured data and a mock-up of one rack of bunks suggested that 
the necessary reductions at the occupant' s head locat10n could be achieved using 
this approach. 

The active n01se control system for a single bunk 1s contained within a smgle 
pnsmatic-shaped enclosure that 1s located in the upper corner of the bunk above 
and behind the occupant' s head. Each unit contains a loudspeaker to create the 
cancellation noise, a pair of nncrophones to sense the noise field to be controlled, 
and a microprocessor to compute the cancellation signal in real fune. The control 
algonthm implemented on the microprocessor was an adaptive feedback algo­
rithm (based on the adaptive Youla transform discussed m Section 18.5) to reduce 
both narrow-band and broadband noise. The reading light originally placed in this 
location was incorporated into the active noise control (ANC) enclosure design. 

TABLE 18.S Average Aft Crew Berthing Octave-Band and A-Weighted Noise 
Levels at Full-Speed89 

Noise Specification 
Ship I 
Ship 2 
Ship 3 

31.5 Hz 

105 
98 
97 
95 

63 Hz 

100 
113 
104 
111 

125 Hz 

95 
100 
94 
96 

250 Hz 

90 
88 
85 
86 

A-Weighted 

82 
87 
85 
86 
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FIGURE 18.101 Schematic of active zone-of-silence approach. 
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FIGURE 18.102 Components of the A.c~C enclosure. 
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The components of the ANC enclosure are illustrated in Fig. 18.102. Pictures of 
the actual implementation are contai.ned in Figs. 18.103 and 18.104. 

The prototype contrai system described above was evaluated during underway 
testing. A narrow-band plot of the measured n01se reduct1on at the occupant' s 
head location (not at the control microphones, where greater reductions were 
achieved) is shown in Fig. 18.105. Thls plot compares the n01se spectra obtained 
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FIGURE 18.103 Faceplate of the ANC enclosure (integrated reading light not shown). 

FIGURE 18.104 Pictures of the interna! components of the ANC enclosure. 

during full-speed operation when the control system was turned off to that when 
the control system was turned on. As shown m this plot, reductlons at the dom­
mant blade-rate tonals (at approximately 60 Hz) were greater than 15 dB, while 
7 -10 dB of broadband noise reduction was achieved between 30 and 85 Hz. 
Third-octave-band performance is summarized in 18.106. This summary 
shows that the system reduced the third-octave-band levels to below the lim­
its of the Navy's acoustical habitability specifications, the goal of the program. 
Based on extensive testing of the prototype system on one patrol craft, the Navy 
contracted for production units for the entire class of PCl patrol craft. 

1 
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I!'IGURE 18.105 Narrow-band plot of noise reduct1on at occupant's head location dur­
ing full-speed operat10n. 
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FIGURE 18.106 Summary of thrrd-octave-band performance at occupant's head 
location. 
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19.1 INTRODUCTION 

Noise and vibration are closely related b10dynanuc envrronments m terms of 
their ongms, manifestations, and effects on people. Those effects on people that 
are undes1rable are often threatening, induce fatigue, comproID1se working perfor­
mance, modify phys10log1cal responses, and harm human systems. At the present 
time, avoidance of excessive noise and vibration exposure is the only assured way 
to prevent these major hazardous effects. 

The practical alternative to complete avoidance 1s to limit exposures in these 
envrronments to those defined as acceptable by appropnate standards, guidelines, 
and damage nsk critena. Scientific exposure guidelines and criteria established 
to curtail these effects are vital parts of comprehens1ve protect10n programs of 
concem to govemments, mdustry, and affected personnel. Most adverse effects 
of these commonly encountered mechamcal forces on human systems can be 
minimized and controlled through engineenng and design efforts. Central to these 
programs and actions are gmdelines and cntena that describe potential damage 
nsk and/or establish acceptable exposure limits. 

Cnteria and limits define conditlons above which the risk of damage due to 
an exposure 1s considered substant1al or unacceptable. Noise and vibrat10n ente­
na describe exposure characteristics and corresponding undesirable effects such 
as noise-induced hearing loss, vibration-mduced hand-arm vibration syndrome 
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(HAVS), and vibration-related spinal injury. Damage risk criteria have been 
developed and implemented worldwide. The basic exposure-effects relationsh1ps 
that underlie these criteria are reasonably well understood and are denved from 
observations and experience as well as good laboratory and field studies. The 
vanous critena contain different lirniting values because of vanations in inter­
pretations of the basic data and m the rat10nale used to establish them. The 
rationale may include practical, and econornic considerations as well as 
humanitanan concerns. It is very important that the rationale underlymg dam­
age nsk cntena is fully understood by the user to ensure that the application 1s 
justified and accurate. 

Estimates of noise and vibration exposures and of their probable effects on 
populations are usually expressed in terms of population distribution statistics. 
These group population effects are not descnptors, and they are not appro­
priate for evaluatmg an individual. Nevertheless, they are adopted by nat10ns and 
incorporated mto national regulations and laws. Many become mandatory require­
ments mcluded m governmental .and industrial activities involvmg exposure of 
people to noise and vibration environments. 

This chapter presents contemporary regulatory and voluntary noise and vibra­
tion exposure standards and critena along w1th background information that will 
facilitate their understanding and application m engineering control and design. 

19.2 DAMAGE RISK CRITERIA FOR THE AUDITORY RANGE 

Noise Factor 

Permanent hearing loss and Its associated problems are clearly the most cnti­
cal and widespread of the various consequences of excessive noise exposure. 
The extent of damage to the heanng mechanism caused by noise 1s related to 
the amount of acoustical energy reaching the heanng mechamsm. Such dam­
age cannot be estimated accurately for an individual because of the vanability 
of the noise and the susceptibility of the exposed ears. The pnmary factors in 
noise-induced hearmg loss are the level of the n01se, the frequency content or 
spectrum of the noise, duration or time course of the noise exposure, and the 
susceptibility of the ear. 

Exposure lirnits are defined in terms of level, spectrum, and durat10n of the 
noise. A-weighted sound energy of an exposure is directly related to noise­
induced hearing loss. No other measure of noise exposure prov1des a better 
cause-effect relat10nsh1p with hearmg loss.1 Impulse nmse 1s also included 
m this measure for many as was concluded by a special workshop 
on impulse noise.2 lt was agreed that there is no convmcmg ev1dence against 
acceptance of A-weightmg measurement of all noises from 20 to 20,000 Hz 
in detenmning their permanent threshold shift (noise-induced hearing loss that 
does not recover to preexposure levels after cessation of exposures) hazard except 
when their unwe1ghted, mstantaneous, peak-sound-pressure levels exceed approx­
imately 145 dB. Consequently, exposures are typ1cally described in terrns of 
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the average A-weighted levels, or the eqmvalent continuons A-we1ghted sound 
pressure level (Leq), over an average workday. 

Practical measures for the prevention of noise-induced hearing loss are cen­
tered in hearmg conservation programs. These programs involve defimtions of 
acceptable n01se exposure, persona! heanng protection, monitonng the hearing 
of the affected personnel, and appropriate adrmmstrative actions to rnimrnize and 
eliminate identified temporary hearing problems before they become permanent. 
The basis of a heanng conservation program 1s the definition of acceptable noise 
exp~sure or exposure criteria that specify the acceptable exposure limits and 

"'the proportion of the population to be protected. The criteria of various hearing 
conservation programs and applications differ in their limtting values. 

The parameters of particular exposure cnteria are selected to satisfv the needs 
of the user. Factors that may influence these selections are vanous mt~rpretations 
of available data, policies or requirements of organizations, and the remaining 
uncertamty in the noise exposure-hearing loss databases. Consequently, enterra 
may differ m such features as estimates of beginmng hearing loss, corrections 
for nonno1se effects such as aging, percentage of the, population to be protected, 
and the extent of protection to be provided. 

The most obv1ous differences among nmse exposure critena are the sound 
level at whlch the lillplementation occurs and how the durat10n of the expo­
sure and the sound level of the,noise are combined.3 The duration-sound level 
relationships are referred·to as tirne-intenslty trading rules, which assume that 
damage to heanng is related to total A-we1ghted sound level and the duration of 
exposure tirne. The equal energy relationship between these parameters results 
in the 3-dB rule. This and other relationships are shown m Table 19.1 which 
displays permissible noise exposures m A-weighted sound pressure levels for 
the cited critena. The permissible A-weighted level for an 8-h exposure ranges 
from 75 dBA for the Environmental Protection Agency (EPA) to 90 dBA for the 
Occupational Safety and Health Adrnimstration (OSHA). 

Most criteria utilize the 3-, 4-, or 5-dB rule. The 3-dB rule is based on the 
equal-energy concept and is the most conservative or protective of the three rules. 
The 4- and 5-dB rules assume that intermittency and interruptions of exposures 
reduce the risk to less than that expected from the total energy. Consequently, a 
50% mcrease in exposure duration corresponds to sound-level decreases of 3 and 
5 dB for the respective 3- and 5-dB rules (Table 19.1). Intennittency of exposure 
is discussed later m the chapter. 

Hearing Sensitivity 

The human ear is sens1t1ve to a much wider range of sounds than the generally 
cited 20 Hz- 20 kHz audio frequency range. A compi!atlon of independent mea­
surement studies by several mvest1gators using a wide vanety of instrumentaüon 
and methodologies shows very good agreement and prov1des confidence m the 
data surnmar:ized m 19.1 Infrasound ( <20 Hz) and ultrasound (traditionally 
>20,000 Hz but practically above about 12,000 Hz) are normally detected by 
the ear only at very hlgh sound pressure levels. The traditional audio frequency 
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TABLE 19.1 Equal Energy and Other Trading Rules Used to Define Permissible 
Noise Exposures in A-Weighted Sound Pressure Level (dBA) and Exposure 
Tune (h) 

Duration of 
Exposure (h) Energya OSHA EPA NIOSW' Anny Navy Arr Force Music 

24 
16 
8 90 90 7SC 85 85 84 85 
4 93 95 88 88 88 88 
2 96 100 91 91 92 91 94d 
1 99 105 94 94 96 94 
0.5 102 110 97 97 100 97 
0.25 105 115' 100 100 104 100 

aEqual energy rule of 3-dB decrease for doubling of exposure applied to a basic 8-h cntenon of 90 
dBA. 
bNational Institute of Occupational Safety and Health. 
cThreshold for deœctable no1se-mduced permanent threshold sbift (NIPTS) at 4000 Hz: exposures 
exceeding 75 dBA may cause NIPTS exceeding 5 dB in 100% of the population after cumulative 
noise exposure of 10 years. 
dTime-averaged A-weighted sound level, in dB, over a 2-h penod once a week. 
'Ceiling on exposure level and duration. 

region (20 Hz-20 kHz) is well defined~for.-,;stnnuli mcluding discrete tones, bands 
of noise, speech matenals, loudness, comfort, and acceptibility. These databases 
provide the informauon necessary to support the development of noise expo­
sure cntena. 

The sensltivity of human hearing for high-frequency sounds (3000-4000 Hz 
and above) gradually decreases with advancmg age. This process is called pres­
byacusis. Auditory system components are a:ffected in both the peripheral and 
the central nervous systems. Although indiv1dual patterns of presbyacus1s vary 
w1dely, normative data describing hearing sens1tiv1ty as a function of age have 
been compiled for var10us segments of soc1ety (some are reported m ref. 5). 
Loss of sensitivity due to accident, disease, or substances toxic to the auditory 
system is called nosoacusts while that attributed to the noises of everyday living 
1s sociacusts. The maJor hlgh-level noises to which people are exposed are the 
occupational environments. 

Environmental noise occurs over the full spectrum to whlch the human audi­
tory system is sensitive. Exposure to vanous segments of this sensory continuum 
produces differential effects on humans. Limiting levels and durations of acousti­
cal exposure are defined for a number of specific portions of this spectrum, which 
include mfrasound (0.5-20 Hz), audio frequencies (20 to about 12,000 Hz), ultra­
sound (12,000 to about 40,000 Hz), and impulsive sounds (characterized by rap1d 
onset and durations of less than 1 s) described in terms of peak sound pressure 
level and duration. Sorne of these limits are well substantiated by expenence 
and experimental evidence while others remain tentative until more evidence is 
available. 
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FIGURE 19.1 Hurnan auditory sensitivity and pain tbresholds for pure tones, octave 
bands of noise, and static pressure: (@) BENOX (1953), pain MAP tones; (@) pain 
stat1c pressure; (©) tlckle, pain tones; Bekesy (1960), MAP tones; (.Â.) ISO R226 
(1961), MAF tones; ( ♦) Corso (1963) bone conduction minus 40-dB tones; ( O) Yeowart, 
Bryan, and Ternpest (1960), MAP tones; (x) MAP octave bands of noise; (■) standard 
reference threshold values (Amencan National Standard on Specifications for Audiome­
ters) (1969), MAP tones; (e) Northem et al. (1972), MAP tones; (6) Whittle, Collins, 
and Robmson (1972), MAP tones; ( *) Yamada et al. (1986), MAF tones. (Data adapted 
from Ref. 4.) Mirumurn audible pressure (MAP) indicates that the sound was presented 
to the ears through earphones and the sound pressure levels were measured in an ear­
phone-m1crophone coupler that approxirnated the cavity created by the earphone/pmna. 
Minirnurn audible field (MAF) indicates that the sound was presented to the listeners 
facmg a loudspeaker and located m anech01c space. The sound pressure levels for MAF 
were measured at the location of the center of the head without the listener present. 
For the sarne listeners, NIAP thresholds are generally several decibels h1gher than MAF 
thresholds. 

19.3 AUDIO FREQUENCY REGION 

CHABA 

Noise exposure cnteria for the audio frequency region (20-12,000 Hz) were 
developed by the National Academy of Sciences-National Research Council, 
Committee on Hearing, Bioacoustics and Biomechanics (CHABA) in 1965.6 This 
method described n01se exposure m terms of pure tones, third-octave, and octave 
bands of noise, and 1t includes the audio frequencies of 100- 7000 Hz. Acceptable 
exposures to noise can be determined from 11 sets of curves. An environmental 
noise 1s cons1dered acceptable if it produces, on average, a NIPTS after 10 years 
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or more of near daily exposure of no more than 10 dB at 1000 Hz and below, 
15 dB at 2000 Hz, and no more than 20 dB at 3000 Hz and above. These enterra 
are based on the assumption that noise exposures producrng temporary threshold 
shifts (TISs) would eventually produce permanent threshold shifts (PTSs). The 
possible relationship that TTS 1s a precursor to PTS is still an open question. The 
CHABA enterra have been widely used and are an excellent tool. However, they 
are not simple to use or to relate to current standards, regulations, and guidelines 
and are less preferred than criteria employing A-weighted sound level. 

OSHA 

The Occupational Safety and Health Admimstration has adopted a n01se exposure 
limit of 90 dBA with a 5-dB trading relationship to control excessive nmse expo­
sure in mdustry (Table 19.1). When employees are exposed to noise at different 
levels during the day, ratios of the actual to the allowed duration for that level 
are computed and the fractions sumrned for the day. Total daily exposure calcu­
lated from these fractions or ratios must not exceed umty. No other corrections 
or adjustments are applied to these criteria. 

The OSHA noise exposure cntèria were verified in 1983 with the publication of 
"Occupational Noise Exposure; Hearing Conservation Amendment; Final Rule."7 

The basic conditions of the onginal OSHA noise exposure regulat10n remam the 
same with a few exceptions. Continuons A-weighted sound levels are not perrnit­
ted above 115 dBA regardless of duratitm.,'!A permissible exposure level (PEL) is 
defined as that noise dose that would result from a contmuous 8-h exposure to a 
sound level of 90 dBA. The lirnit of 90 dBA 1s a dose of 100%, which 1s the basic 
criterion level. A time-weighted average (TWA) 1s the sound level that would pro­
duce a given noise dose when the employee 1s exposed to that level continuously 
over an 8-h workday regardless of the length of the work shift. Workday expo­
sures of 4 h at 90 dB, 8 h at 85 dB, or 12 h at 82 dB all correspond to a TWA of 
85 dBA and a noise dose of 50%. The Hearmg Conservation Amendment includes 
computational formulas and tables showing the tlme-mtensity relationships for 
the 5-dB rule and conversions of dose to time-weighted averages. Gmdance 1s 
g1ven on calculations of age correct10ns to audiograms. However, the use of age 
correct10n procedures 1s not requrred for compliance. 

A noISe dose of 50% or a TWA of 85 dB is the "action level'' at which 
hearing conservation measures must be implemented. All workers rece1ving nmse 
doses at or above the action level must be included m a hearing conservation 
program that requires noise monitoring, audiometric tèstlng, heanng protection, 
employee training, and record keeping. A baseline audiogram 1s one taken within 
six months of the employee's first exposure above the action level, agamst which 
subsequent audiograms can be compared. An annual audiogram must be taken 
for each ernployee exposed at or above the action level. A standard threshold 
shift (STS) is a change in heanng sensitiv1ty from the baseline audiogram that 
exceeds an average of 10 dB or more at 2000, 3000, and 4000 Hz m either ear. 
Appropnate action by the employer must be taken in response to the STS to 
ensure the continued protection of the hearing of the employee. 

1 
1 
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Environmental Protection Agency 

The EPA published "Information on Levels of Environmental Noise Requis1te 
to Protect Public Health and Welfare with an Adequate Margin of Safety" 1 in 
1974 m response to the Noise Control Act of 1972. The objective was to 1dentify 
levels of environmental noise required to protect the public from adverse health 
and welfare effects. The levels for noise-induced hearing loss described in this 
document were based upon reviews and analyses of scientific matenals as well as 
consultations and interpretations of experts. It was concluded that an Leq of 70 dB 
over a 24-h day (over a 40-year workmg life) would protect virtually the entre 
population (96th percentile) for hearing conservation purposes. An Leq( 8) lirnit 
of 75 dB was considered appropnate protection fo1: the typical 8-h daily .work 
penod. This criterion is considered to be very restrictive for most applications, 
and 1t has not been incorporated mto any DRC for occupatlonal noise exposures. 

Air Force 

The U.S. Arr Force (USAF) heanng conservation critenon 1s 85 dBA for a 
maximum allowable 8-h daily exposure. The trading relationship of 3 dB allows 
such exposures as 16 h at 82 dBA and 4 h at 88 dBA. Higher level contlnuous 
exposures for shorter durations, such as 94 dB A for 1 h, are liffilted to a maxrmum 
level of 115 dBA. The ratios of the actual to the allowable daily exposure times 
are not to exceed unity. Air Force cnteria also include liffiltmg conditions for 
mfrasound, ultrasound, and impulse nmses. 

Army 

The U.S. Army (USA) hearing conservation program cnterion 1s 85 dBA as 
the maximum allowable exposure regardless of durat10n. Personnel expenencing 
these exposures must be enrolled m the hearing conservation program. In training 
and noncombat scenarios smgle hearing protecnon will be wom in steady noises 
of 85-107 dBA and double heanng protection for 108-118 dBA. Protection 
reqmrements for umque military noise sources are deterrnmed mdividually. The 
Army cnteria also mclude lillllting exposures for impulsive noises. 

Navy 

All n01se-exposed Navy personnel are required to wear hearing protection when 
exposed to environmental noise exceeding the critenon of 84 dBA or 140 dB 
peak. regardless of durat10n. Personnel are entered into the hearing conservation 
program based on the 84-dBA damage risk criterion for an 8-h work day, with 
a 4-dB exchange rate. Double heanng protection 1s reqmred when sound levels 
exceed 104 dBA, wluch adrnimstratively assumes 20 dB of smgle protection from 
an approved earplug or earmuff. 
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IS0-1999 

The International Organization for Standardization (ISO) standard ISO-1999 
(1990), "Acoustics-Determination of Occupational NoISe Exposure and Esti­
mation of ::.l"oise-Induced Heanng Impairrnent,"5 is a landmark document that 
establishes practical procedures for estirnating n01se-induced hearing loss in pop­
ulations. Standard ISO-1999 does not provide a specific formula for assessing 
nsk of hearing handicap, but it specifies uniform methods for the prediction of 
hearing impairment that can be used for assessment of handicap according to the 
formula stipulated in a specific nation. The procedures are based on the equal­
energy, 3-dB rule (adopted by the ISO and member nations as a conservative 
critenon) and deal with the measurement and description of noise exposure, the 
prediction of effects of noise on hearing threshold, and the assessment of risk 
of noise-induced hearing impairrnent and handicap. Annexes, whlch are not part 
of the standard, provide calculation procedures, examples, tabular data used in 
the calculations, and a method for relating this information to that of the pre­
ceding standard, ISO-1999 (1975). These procedures allow agenc1es, industries, 
and governments to select parameters and establish criterion values according to 
their respective needs. This document will form the bas1s for leg1slation in many 
countnes. 

The ISO method describes all exposures during an average work day m terms 
of the A-weighted sound exposure average. The integratlon period 
is taken as a workmg day or a working All n01ses are included in the 
exposure, ranging from steady state to impulses. Exposures that contain steady 
tonal noise or impulsive/impact noise are considered about as harmful as the same 
exposure without these components but about 5 dB lngher in level. Exposure eau 
be measured with personal noise dosimeters or an integrating-averaging sound­
level meter. Direct and indirect methods for the determmation of exposure level 
are discussed as well as sampling methods. 

The only measure of environmental noise needed to calculate hearing impair­
ment or risk of hearing handicap under the following conditions is the energy­

daily noise exposure. The maximum mstantaneous sound pressure level 
must be less than 140 dB, the average 8-h daily exposure must not exceed 100 
dBA, and the maximum mdividual daily exposure must not be more than 10 dB 
above the average of all daily exposures to permit tins detennmatlon of energy­
averaged daily exposure. 

Implementation of tins standard follows a well-defined series of operations. 
The first mvolves detenmnation of the age-related hearing levels of the target 
population for ail test frequencies (e.g., population of 50-year-old males, 90th per­
centile at 500-6000 Hz). The long-standing difficulties of defining a "normal" 
population for tins purpose were overcome with the utilization of two databases. 
Database A contains standardized distributions of hearing threshold of an ideal 
"lnghly screened" population free from all signs of ear disease, obstructions of 
wax, and without undue lnstory of noise exposure. Database B eau be any care­
fully collected database covenng an occupationally non-noise-exposed population 
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considered to be a valid control for the n01se-exposed population under cons1d­
eration. Each user of the standard can select the subpopulation most appropriate 
for lts analysis. As an example, for database B the standard provides the data 
from the U.S. Public Health Service Surveys reported in 1965.8 

Next, the predicted NIPTS of the population is calculated for all test frequen­
cies by considering both the number of years of exposure and the average daily 
noise exposure levels. Data m the standard for calculating NIPTS are valid for 
frequencies from 500 to 6000 Hz, exposure times of 0-40 years, and average 
daily n01se exposure levels between 75 and 100 dB. 

The hearing handicap or nsk of hearing handicap may be calculated usmg the 
appropnate NIPTS values and a formula selected by the user or a member nation. 
The document contains rune formulas that are proposed or commonly used among 
nations for assessing hearing handicap by averaging hearing threshold levels at 
selected audiometnc test frequencies. In the United States, hearing handicap for 
conversational speech 1s assessed using the average o(.the hearing levels at 500, 
1000, 2000, and 4000 Hz. Other procedures are available for determining overall 
percentage of hearing loss for purposes of compensation., 

Long-Duration Noise Exposure 

Noise exposure durations that exceed 8 h may occur in some work assignments 
and when substantial nonoccupational noise is added to that received at work. 
These longer duration exposures are extended by noises from daily livmg act1v­
ities, recreation, transportation, proxinuty to industry, and even other vocational 
activities. Although the baseline of most criteria is the allowable exposure for an 

. 8-h day, many do extend their time-intensity trading relationslnp to 16 or 24 h 
as additional guidance. 

Although the 8-h day, 5-day work week is considered standard, numerous 
variations are employed for many occupat10ns. Sorne of these are four 10-h days 
with three days off, three 12-h days with three and four days off, and 12 h on and 
12 h off. The noise exposure cnteria do not cover these exposures with the same 
degree of accuracy as with the standard work week. However, it is reasonable to 
consider the exposure per work week as a basis for calculating n01se exposure 
(i.e., the 3-dB rule). 

An important discovery m studies of effects of long-duration exposure to 
continuous (nommpulsive) noise of 24 h and longer on hurnan hearing was 
the phenomenon represented in Fig. 19 .2 and called asymptotlc threshold shift 
(ATS).9 Hearing threshold levels progressively increased with time until the expo­
sure durations reached 8-16 h. Hearing threshold levels reached a plateau or 
asymptote between 8 and 16 h and did not mcrease further with continuation of 
the same exposure levels for 24 and 48 h. Recovery from these asymptotlc levels 
to the preexposure threshold levels was related to exposure time. Even though 
the asymptotlc levels were the same for 24- and 48-h exposures to a particular 
stimulus, the time needed to recover was significantly longer for the 48- tban 
for the 24-h exposures. The longer penod of time to recover is interpreted by 
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FIGURE 19.2 Growth recovery of n01se-mduced temporary tbreshold shift (NTITS) 
measured dunng and followmg the noise exposure at the tunes marked on the absc1ssa. 
The stimulus was a third-octave band of random noise centered on 1000 Hz presented at 
80, 85, and 90 dBA. The curves represent the averages of the hearing levels (HLs) for 
the 1000-, 1500-, and 2000-Hz test frequenc1es ½ (HL1000 + HL1soo + HL2000). 

some as an indication of greater nsk to hearing from the same stimulus (ll{lffie 
asymptotic threshold level) for 48 than . .f% 24 h. On the bas1s of analyses of the 
actual recovery times the guideline was established that the period of time in 
effective quiet required for recovery should be at least as long as the duration of 
the exposure. 

Audiometric data on the crew members and mformatlon on the intemal noise 
levels of the Voyager lightweight aircraft (two 110-hp piston engmes) during 
a practice (five days) and a round-the-world flight (nine days) have prov1ded 
additional important data points. The overall noise enviromnents at the crew 
locations ranged between 99 and 103 dBA. Crew members wore communications 
headset and earplug eqmpments that allowed estimat10ns of the exposures at the 
ears to be between 84 and 95 dB for the octave band at 500 Hz. Comparisons of 
preflight and postflight audiograms for both flights revealed substantial shifts of 
hearing levels. The threshold shifts from the nme-day flight were no greater than 
those for the five-day flight. One week followmg the nme-day flight the heanng 
thresholds of both crew members had returned to their preflight levels. 

The hearing level data on the fi.ve-and nine-day exposures 1s consistent w1th 
laboratory data denved frorn both human studies of shorter duration and animal 
studies of similar durat10n. It 1s cons1dered acceptable by some cnteria to extend 
the 8-h limits to as muchas 24 h using appropnate trading relationships. Noise 
exposures of atyp1cal work schedules such as four 10-h days with three days off 
and 12 h on, 12 h off illlght be calculated on the bases of work week. Although 
recovery of the hearmg thresholds occurred pnor to nine days for these crew 
members, 1t remains reasonable to have personnel remain m effective quiet for a 
period at least as long as the exposure prior to reentenng the n01se. 
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Music Exposure Crîteria 

The USAF has adopted music exposure critena that cons1der customers or clients 
of military "clubs" to be "recreationally exposed" and employees to be "occu­
pationally exposed." The occupationally exposed persons are govemed by the 
same provisions as those of workers exposed in any other occupational noise. A 
separate set of critena are used to control or limit the recreational exposures . 

An average A-weighted sound level of 94 dB 1s considered acceptable when 
rt does not exceed 2 h duration once a week. lt is important to recognize that 
the 94-dBA guideline is not a peak of a maximum level value but 1s the average 
sound level. The average sound-level concept does not specify a fixed maximum 
level or eliminate crescendos and spec1al effects or even some selections. lt does 
perilllt these mtefilllttent h1gh levels of entertairunent music to be averages in 
such a way that the overall performance is acc~ptable. 

'19.4 IMPULSE NOISE 

Impulse or impact n01se is a very brief sound or short burst of acoustical energy 
with a sound pressure nse of 40 dB in 0.5 s or faster that may occur smgly or as a 
series of events. The noise may be treated as steady state when the repetition rate 
of a senes of impulses exceeds 10 per second and the decay from the individual 
peaks to minima does not exceed 6 dB. 

The effects on the auditory system have been exailllned for such characteristics 
of the impulsive stimulus as frequency spectrum, duration, peak pressure level, 
total energy, type of impulse, and nse tlme. Although work continues with some 
of these characteristics, present exposure critena use only peak pressure level 
and durat10n and type of impulse to describe safe impulse exposures. 

In 1968, CHABA developed exposure critena for impulse noise10 based on 
extensive work in the Umted Kingdom on fi.ring small arms.11 The Iirmting 
noise exposure values for the impulsive stimuli are summanzed in Fig. 19.3. 
These cnteria define exposures that should produce, on average, no more NITTS 
than 10 dB at 1000 Hz, 15 dB at 2000 Hz, and 20 dB at 3000 Hz and above in 
95% of the exposed ears. The cnteria provide for adjustments or corrections for 
exposure situations that vary from the basic condition. The criteria provide for a 
daily exposure of 100 impulses dunng an.y time penod ranging from about 4 min 
to several hours. The values are increased for fewer and decreased for more than 
100 impulses per day by a factor .of 1.5 dB for each doubling or halving of the 
number of impulses. The allowable level must be decreased by 5 dB for impulses 
that strike the ear at perpendicular incidence. 

Simple. nonreverberating impulses that occur in open spaces are evaluated 
using the A-duration or pressure wave duration, which is the tlme requ1red for 
the 1mtial or principal wave to reach peak pressure level and return momentarily 
to zero (Fig. 19.3). The B-duration or pressure envelope duration 1s used for 
impulses that occur under various reverberant conditions and 1s the total time that 
the envelope of the pressure fluctuations (positive and negative) is within 20 dB 
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of the peak pressure level, including reflected waves. The 143-dB floor of the B-
duration curve represents the reduction of the energy entertng the ear after 200 ms 
by action of the acoustic reflex (reflex contraction of the nnddle-ear muscles 
that reduces the transmission of energy to the inner ear). This comprehensive 
dose-response curve (DRC) for impulses conünues to represent the present data 
and scientific understanding of impulse n01se effects on heanng. 

The OSHA amendment, the Air Force, and the Army, all limit exposure to 
impulse or impact noises to 140 dB peak sound pressure leveL The Army bas 
unique equipment that generates high-level impulse noises that are measured and 
treated individually. 

Sonic booms do not constitute a threat of noise-mduced hearmg loss for human 
beings. Most of the energy in sonic booms generated by aircraft in supersonic 
flight 1s in the low and infrasomc frequency ranges and con1ributes little to the A­
weighted sound level. Field and laboratory investigations with human exposures 
have revealed no significant effects on hearing from sanie booms at levels typi­
cally experienced in the community. One field study involving human exposures 
to extremely intense sanie booms ranging m level from about 50 to 144 lb/ft2 

observed no changes in the heartng levels of the participants.12 Naturally, such 
intense sanie booms may generate higher A-weighted levels indoors than outdoors 
due to rattling of windows and doors. 

Air bag systems are des1gned to prov1de crash protectrnn of occupants during 
side and forward impâcts of motor vehicles. These systems generate a loud, 
impulse noise inside the vehicle upon inflation of the air cushion. In an early 
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study13 of a prototype system, 91 volunteers experienced this airbag deployment 
inside a small automobile at a meclian peak pressure level of 168 dB. Sorne TTS 
was experienced by about 50% of the subJects. About 95% of those w1th TTS 
recovered preexposure hearmg levels on the same day. About 5% reqmred longer 
times for recovery with one subject showing a gradually returning shift at one 
frequency that persisted for several months. 

19.5 INFRASOUND 

Relationships among human exposures to infrasound (0.5-20 Hz) and resulting 
hearmg loss are presently not sufficiently understood for the establishment of 
national (U.S.) or international standards on exposure limits. Few investigations 
have been conducted because of difficulties in measuring hearmg thresholds for 
infrasound and m producing infrasound stimuli free from audible overtones that 
are required for exposure stuclies. Tentative critena have been established on the 
bas1s of laboratory mvestigations and field expertences with noises containing 
intense 1nfrasound components. These criteria have been mcorporated in some 
Departrnent of Defense regulations on hazardous noise exposure. 14 

Human whole-body vibration exposures in intense levels of infrasound that 
exceeded 150 dB sound pressure level Were reported in a classic study.15 The 
sample size was small. However, the sub1ects were highly expertenced pro­
fessionals. Relationships were observed bet:\veen exposure levels and human 
tolerance as a function of subjective "symptoms." These symptoms are described 
in Section 19.8 for airborne vibration. Certain exposures were Judged to be very 
close to tolerance lirmts. Hearing levels of the subjects were measured 3 mm fol­
lowing tenmnation of these very mtense exposures and no changes were found 
in hearing sensitivity. 

The absence of hearmg· sensitiv1ty effects immediately followmg the intense 
1nfrasound exposures verifies laboratory findings that infrasound is not a maJor 
threat to hearmg. The exposure criterta in Fig. 19A have been developed on the 
bas1s of data such as that in the cited report and that presented in Fig. 19.5.16 

Numerous expemnental subJects expenenced exposures to 10 Hz at 144 dB for 
8 mm with no adverse effects. This set of safe exposure conditions was accepted 
as a baseline exposure from which 8-h limits (136 dB at 1 Hz and 123 dB at 
20 Hz) and 24-h lirmts (130 dB at 1 Hz and 118 dB at 20 Hz) were extrapolated. 
(Development of this sound pressure level formulation is described m ref. 16.) 

19.6 ULTRASOUND 

Ultrasound (~16-40 kHz) is w1despread in our soc1ety due to sources such as 
ultrasonic cleaners, measuring devices, drilling and welding processes, animal 
repellants, alarm systems, and communications control applications as well as a 
wide range of medical applications. Although the number of people exposed to 
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FIGURE 19.4 Infrasound 8~ and 24-h exposure limits. 

ultrasound is large, it poses no threat to hurnan hearing because neither tempo­
rary nor permanent hearing loss caused by ultrasound has been reported, w1th 
one except10n. Ternporary threshold shift was reported followmg expenmental 
exposures to discrete tones m the region of 17-37 kHz at levels of 148-154 dB. 
The TTS occurred at subharmonics of the stimulus frequency and was likely 
caused by nonlinear distortion of the eardrurn. 

Nevertheless, ultrasound continues to be v1ewed as a threat to hearmg as well 
as a cause of other subjective symptorns. Ultrasound is readily absorbed by air 
and its mtenslty dimirushes rapidly w1th increasing distance frorn the source. The 
1rnpedance match with human flesh 1s poor, and much energy is reflected away 
from the surface of the body. Consequently, the ear 1s the pnmary channel for 
transIIlltting airbome ultrasound to the intemal systems. 

Ultrasomc energy at frequencies above about 17 kHz and at levels in excess of 
about 70 dB may produce adverse subjective effects experienced as fullness in the 
ear, tinnitus, fatigue, headache, and malaise. These subJective effects are rnediated 
through the hearing mechanism and are re1ated to hearmg abi1ity. Persons who do 
not hear in this frequency region do not expenence these subjective symptoms. 
Women expenence the symptoms more often than men, and younger mdividuals 
report them more often than older ones. This reporting is consistent with the 
relative heanng abilities of the three groups. Neither disonentation nor loss of 
balance has been attributed to ordinary exposures to ultrasound. 
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Ultrasound exposures usually contain vanous amounts of high audio frequency 
energy (5-20 kHz). Subjective effects attributed to the ultrasound are usually 
caused by the audio frequency energy. Reducmg the level of the audio frequency 
energy in the exposure usually results in the disappearance of the auditory and 
subjective symptoms. 

Criteria for limiting the levels of ultrasound to control auditory and subjective 
effects are very similar. The data refer to the ultrasound levels at the head of 
the exposed person. The liIIllting levels at 20 kHz and above apply to protection 
from the subJective symptoms described earlier. Representative intemat10nal and 
national critena adopted by the World Health Orgamzation (WHO), Norway, 
Sweden, and the American Conference of Governmental Industnal Hygiemsts 
(ACGIH) are displayed in Fig. 19.6. Norway accepts a level of 120 dB for fre­
quencies higher that 22 kHz. 

19.7 HEARING PROTECTION 

The damage risk or noise exposure critena presented above define allowable 
exposures for unprotected ears. These criteria are also used to 1dentify exposure 
conditrnns above which personnel should be included m hearing conservation pro­
grams and where hearing protect10n should be wom. Hearing protection extends 
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FIGURE 19.6 IntematlOnal and nattonat!êg~na for exposure to airbome ultrasound. 

the limits of allowable exposures by reducing the levels at the ear, allowing 
personnel to experience more mtense and longer duration exposures than with 
unprotected ears and still remain w1thln established whole-body exposure cnteria. 

Hearing protector performance is mfluenced by characteristics of the wearer, 
the protective device, and the noise exposure. Protection is best with deVIces that 
prov1de good attenuation, are comfortable, fit properly, are easy to use, are in 
a good state of repair, and are worn. Hearing protector effectiveness 1s reduced 
by air leaks, transmiss10n properties of the materials, and noise-mduced motion 
of the device that produces sound under the protector. A limit on performance 
of 1deal devices is imposed by the sound conduction properties of the tissue 
and bone of the head. In high-level acoustical fields, sound travels "around" the 
protector to the inner ear through the tissue and boue of the head. The level 
of the sound reaching the ear by such means is about 50 dB below that of arr 
conduction reaching the ear through an open ear canal. Bone-conducted sound is 
not a major concern for most noise envrronments. Total-head enclosures extend 
the tissue and boue limits by about 10 dB. 

lnfrasound 

Good insert-type heanng protection dev1ces should provide attenuation of 
infrasound approaching that observed at the 125-Hz third-octave band. Earmuff 
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hearrng protectors provide very little protection and may even amplify the sound 
at some of these mfrasomc frequencies. Exposures to levels of infrasound above 
150 dB should be avoided even with maximal hearing protection because of 
possible adverse nonauditory effects. 

Audio Frequency Region 

Hearing protection performance varies as a function of the frequency spectrum 
of the noise. In general, conventional earplugs and earmuffs provide good sound 
protection at higher frequencies (above 1000 Hz)7 Earplugs provide effective pro­
tection at both high and low frequenCies. Ample protection is observed across all 
frequenc1es with certam foam insert earplugs. Earmuffs provide poor attenuation 
at the low frequencies. 

A combrnation of earplug and earmuff is requir~d when an individual protector 
is unable to reduce a noise to an acceptable level. The resulting attenuation is 
not the sum of the two protectors but an amount detennmed by the particular 
combmation of dev1ces. The attenuation of the combined units often reaches the 
boue conduction limits at the high frequenc1es. At the illld- and lower frequencies 
the amount of attenuat10n is determined primarily by the earplug. Selection of a 
good earplug for use with a muff will provide good double hearing protection at 
all frequenc1es. 

Special earmuff hearing protectors called nonlinear devices allow face-to-face 
speech commimication at low levels of noise and prov1de typical amounts of ear­
muff protection at high levels. Active noise reduct10n (ANR) earmuffs ernploy 
electronic (noise cancellation) and acoustical rneans of reducing low-frequency 
noise at the ears. This active earmuff eau rncrease intelligibility and comfort 
and reportedly reduce fatigue when used w1th speech communication systems m 
n01se. The A..'l\lR earmuffs are widely used m such areas as communications, pn­
vate aircraft, entertainment, and sport activities and by passengers in commercial 
aircraft. 

Hearing protection dev1ces have the potential capability to reduce and elimi­
nate most noise-induced hearmg loss. However, issues such as comfort, selection, 
fit, training, use, motivation, and others limit the full-performance capability of 
the devices to be realized in the workplace. 

Long-Duration Exposures 

Long-duration noise exposures are typically steady state, continuons, and gener­
ally within the audio frequency range. The mformation on hearing protection for 
audio frequencies is also appropriate for long-duration n01ses. 

Ultrasound 

Conventional hearing protection dev1ces, earplugs aIId earmuffs, prov1de good 
protection against airbome ultrasound at frequencies above about 20,000 Hz. 
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Attenuation exceeding 30 dB is generally provided for frequenc1es from about 
10,000 to 20,000 Hz. Hearing protection is most effective m elimmating subjec­
tive symptoms that occur when protectors are not wom. Reduction and elimina­
tion of subjective symptoms is also a good indication of the effectiveness of the 
heanng protector. 

Impulses 

Earmuff and earplug protectors should provide adequate attenuation for impulses 
compnsed pnmarily of high-frequency energy, such as small-arms fire. Eannuff 
attenuation decreases as the concentration of energy in the impulses moves to the 
lower frequencies, as with large-caliber weapons (the attenuation vs. frequency 
of the protectors 1s not changing, only the spectral distribution of the impulse is 
different). The reduction of the peak sound pressure level of a particular earmuff 
is about 30 dB for pistol fire, about 18 dB for rifle fire, and as little as 5 dB for 
cannon fire. The peak level of the impulses of rnost pistol and standard rifle shots 
is reduced to less than 140 dB by good earmuffs. A combrnation of earplugs and 
earmuffs should be used for impulses requiring good low-frequency attenuatlon. 

The USAF and the USA require single heanng protection when impulses 
reach 140 dB peak positive pressure and double heanng protection when the 
levels reach 160 dB (USAF) and 165 dB (USA). 

19.8 HUMAN VIBRATION RESPONSE 

The hurnan body is a dynamic system, possessmg mass and the ability to achieve 
relative motion between parts of the body (elastlcity). It can therefore be affected 
by exposure to oscillatory motion or vibration. Although the ear is the most sen­
sitive body organ for the reception of vibratory energy m the auditory frequency 
range, structure-borne and airborne vibration occurring at lower frequenc1es can 
be transmitted to a variety of anatom1cal structures, mcluding skm, bone, mus­
cles, jomts, and rnternal organs. Most of our population is exposed to occas1onally 
moderate levels of vibration with relatively harmless effects. Occupational expo­
sures to vibrat10n are more severe than nonoccupaüonal exposures and have been 
associated with b10log1cal, psychological, and hurnan performance effects. 

Vibration 1s transmitted to the human body via the oscillatory motion from 
vibrating structures m contact with the body surface (structure borne) or via the 
transmission of sound pressure waves m high-noise environments (airborne). In 
structure-borne whole-body vibration, oscillatory motions enter the body usu­
ally at the feet (standing) or buttocks (Sitting) at the supporting surface and 
can be transmitted throughout the body to other anatonncal structures (such 
as the head).17 The major sources of nonoccupat10nal whole-body exposures 
mclude transportation vehicles such as automobiles, buses, trains, arrplanes, and 
boats. Whol.e-body occupational vibration 1s experienced by operators of agn­
cultural and forestry tractors, earth-moving and construction equiprnent, all types 
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of trucks, sea-going ships, airplanes and helicopters, as well as nnnmg and fac­
tory workers on vibrating platforrns. Structure-borne hand-transmitted vibration 
is ISolated to a very specific anatonucal reg10n, primarily through the operat10n 
of vibratlng band tools such as jackhammers, chipping harnmers, chain saws, 
grinders, and other types of pneumatic or electric hand-held devices. In airbome 
whole-body vibration, oscillatory mof:lons enter the body via high levels of low­
frequency sound pressure waves. Substantial airbome yibration occurs during 
aircraft engine run-ups and ground-based maneuvering, particularly in military 
environments where ground crews are required to work c,lose to powerful arrcraft 
in restnctive areas. 

The absorption of vibratory energy by the body is detennined by the body's 
characteristics as a mechanical system.18 Engineering techniques (transfer func­
tlon, power absorption) have been used and continue to be improved for defining 
these characteristics and for developing various rnodels of the whole body and 
its subsystems (such as the hand-arm). These methods and models give ins1ght 
into the energy transmission through the body and are useful tools for identifying 
the overall sensitivity of the body as well as for explainmg the vanous effects 
on specific target organs and structures. 

Whole-Body Vibration Effects 

For whole-body vibration, the mechanical ,~tresses imposed on the body can 
potentially lead to mterference w1th bodily functions and tissue damage m prac­
tically all parts of the body. Historically, the major concern has focused on 
whole-body vertical vibration. More recent research mcludes multiaxis vibration 
effects. Figure 19.7 illustrates the short-time, 1-min, and 3-min tolerance limits 
reported by healthy adult male subjects exposed to vertical sinus01dal vibration. 19 

Human tolerance to vibration tends to decrease with longer exposure periods. 
While acute exposures in the vicinity of human tolerance have not resulted in 
demonstrable harm or in Jury, prolonged and repeated exposures to these levels 
are considered to have a high potential for producing bodily damage. For vertical 
vibration, mimmal tolerance occurs between 4 and 8 Hz.19 This frequency range 
coincides with the major· whole-body resonance observed in b1odynamic data. 
Most phys1ologic effects in the region of 2-12 Hz are associated w1th excessive 
movement of the thoraco-abdonnnal viscera that can interfere w1th respiration and 
cause changes m cardiovascular functions that typically resemble the response 
to exercise.20 Prolonged and repeated (chronic) occupational exposures, as they 
occur in drivers of tractors and earth-movmg eqmpment, are 1mplicated by many 
mvestigat10ns m the development of spmal column and other joint disorders and 
pathologies and of stomach and duodenal diseases.21•22 However, their causal 
relationsh1p with vibration stress has not been clearly proven. For example, back 
pain and back disorders have been reported for other occupations with no vibra­
tion. These symptoms have also been associated "1ith poor body posture. Stu.dies, 
mcluding the early study by Coermann, 23 have shown that body posture can affect 
whole-body vibration response. 
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FIGURE 19.7 The short-tune, 1-mm, anda-n;yn tolerance limits reported during vertical 
smus01dal vibration. 19 

Whole-body vibration can also influence working performance. It can cause 
mvoluntary body motions that interfere with the active motor control of the 
opt;rator w1th undesirable effects. Relative motion of the eye w1th respect to an 
object or target can cause difficulty in reading instruments and perforrning visual 
searches.24 This 1s particularly a concem at low frequencies where there 1s a high 
propensity for head movement in the region of whole-body resonance (below 
10 Hz). Below about 20 Hz, compensatory eye movement aids in stabilizmg the 
Une of s1ght to a stationary obJect during head vibratton.25 When the image 
moves w1th the head, as occurs w1th a helmet-mounted display, compensatory 
eye movement becomes meffecttve, increasing the potential for visual blurring.26 

Bye resonance has been reported to occur in a broad frequency range between 
20 and 70 Hz.25 Relat1vely high levels of whole-body vibration or direct contact 
of the head with the vibrating structure are necessary to induce visual blurring 
due to the body' s darnping effect at these h1gher frequencies. 

With regard to airbome vibration, the mismatch between the acoustical 
impedance of arr and the human body surfaces prevents significant amounts 
of acoustical energy from entenng the body, particularly at higher frequencies.27 

With decreasing frequencies below 1000 Hz, more acoustical energy 1s absorbed 
m the form of transverse shear waves. With exposure to high-mtensity noise levels 
[120 dB sound pressure level (SPL)] between 100 and 1000 Hz, tissue vibration 
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occurs and the noise is felt via the stimulation of somattc mechanoreceptors. 28 

Below 100 Hz, mtense noise can cause whole-body vibration that not only 
affects mot10n in the chest, abdominal wall, viscera, limbs, and head but 
also can generate motions m the body cav1t1es and air-filled or gas-filled 
spaces.28 Von Gierke and Nixon27 reported that resonance of the chest wall 
and air-filled lungs occurs around 60 Hz. For n01se exposures below 150 dB, 
the most common symptom reported by subJects was mild to moderate chest 
vibration.15 Above 150 dB, symptoms included mild nausea, giddiness, subcostal 
discomfort, cutaneous :flushing and tingling (around 100 Hz, 153 dB); coughing, 
severe substernal pressure, choking respiration, salivation, pam on swallowing, 
hypopharyngeal discomfort, and giddiness (60 Hz, 154 dB and 73 Hz, 150 dB); 
and headache (50 Hz, 153 dB).15 More recent efforts have been made to measure 
the biodynamic response of the body to airborne vibration and compare the body 
acceleration spectra to the n01se spectra. 29 The preliminary results for exposures 
to Jet arrcraft noise dunng engine run-ups confirm the upper torso resonance 
reported by von Gierke and Nixon.27 

Hand-Transmitted Vibration Effects 

Hand-arm vibration syndrome (HAVS) refers to the "complex of peripheral vas­
cular, neurological, and musculoskeletal disorders associated with exposure to 
hand-transmitted vibration" (ref. 30, p. 11). HAVS 1s recogmzed worldwide as 
a health concem. Prolonged and repeated exposure to hand-transm1tted vibra­
tion can lead to a very specific disease called vibration-mduced white finger 
(VWF), or Raynaud's phenomenon. This nnpairment of the blood circulation 
of the band progresses w1th exposure time from interrmttent numbness and tm­
gling in selected fingers to extensive blanching of most fingers, first only m 
combmation with cold and finally at al] envirorunental temperatures. In the final 
stages the disease interferes severely with social activities and conttnuatton of 
the occupation. According to Taylor and Pelmear,31 the clinical manifestations 
of the finger-blanching attacks progress in four stages, with stage 1 s1gnal­
ing the onset of the disease, mainly outdoors m winter. While symptoms of 
the first stages might still be reversible if vibration exposure 1s discontinued, 
the later stages are considered irreversible by most researchers. In later stages, 
the vascular manifestations are reported to be accomparued by nerve, bone, Jomt, 
and muscle involvement.32 Studies have shown that HAVS, specifically VWF, is 
influenced by several factors, including the frequency, magnitude, and duratton 
of the exposure, in addition to the type of tool. As with whole-body vibration, 
the symptoms of VWF appear to increase with exposure duration. 

19.9 HUMAN VIBRATION EXPOSURE GUIDELINES 

Extensive research over the last four decades has led to a reasonable under­
standing of the potential pathological and phys1ological effects of structure-borne 
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whole-body as well as hand-transrmtted vibration, although the mechanisms of 
these effects contmue to be topics of research. Frequency-dependent sensitiv­
ity curves have been denved for the whole-body and for the hand-arm from 
both subjective and objective frequency response charactertstics. These sens1tiv­
ity curves form the basis for current whole-body and hand-transmitted vibration 
standards. There are ma3or national and international standards that provide guide­
lines and recommended criteria for safe vibration exposure based on these curves 
and that are generally relied upon m designing vehicles, equ1pment, tools, and 
mitigation strategies for use in vibration environments. These standards are pen­
odically revised as vibration research continues and new data become available. 

Structure-Borne Whole-Body Vibration Criteria 

The International Organization for Standardization (ISO) 1s the most w1dely rec­
ognized body for prov1ding the basic gmdelines for assessing the damage risk 
of structure-borne whole-body vibration (ISO 2631). As of 2004, the standard 
entitled "Mechamcal Vibration and Shock-Evaluation of Human Exposure to 
Whole-Body Vibration" rncluded three parts: ISO 2631-1:1997,33 ISO 2631-
2:2003,34 ISO 2631-4:2001,35 and ISO 2631-5:2004.36 Part 1, entitled "General 
Requirements," describes the general methods for measuring whole-body vibra­
tion. Informative annexes are included that gmdance on possible effects of 
vibration on comfort, perception, health,. ~d motion sick:ness based on current 
knowledge m these areas. In 2002, the American National Standards Institute 
(ANSI) accepted the ISO 2631-1:1997 as a nationally adopted mtemational 
standard (ANSI S3.18-2002), 37 replacing the long-standing 1979 version. For 
whole-body vibration, the frequency range considered is 0.5-80 Hz although the 
range from 1 to &O Hz can be used if appropriate. When the vibration is transmit­
ted by a resilient structure, such as a seat cushion, a suitably shaped transducer 
support 1s interposed between the person and that structure. The standard recom­
mends the collection of acceleration data between the body and three supporting 
surfaces for the seated occupant, including the seat pan or surface, seat back, 
and feet. For the recumbent occupant, the supportmg surfaces mclude the pelvis, 
back, and head. Translational vibrations are typically measured in the three axes 
defined by an orthogonal coordinate system. For standing, seated, and recumbent 
whole-body vibration, the x axis 1s defined in the back-to-chest (fore-and-aft) 
direction, the y axis for the side-to-s1de (lateral) direction, and the z axis for the 
foot- ( or buttocks-) to-head (vertical) directions. 33 Rotational vibration may also 
be measured or estimated. There are three pnmary frequency-weighting curves 
(including motion s1ckness) and three additional frequency-we1ghting curves 
that are applied to the acceleration-tirne histories or frequency response spec­
tra depending on the measurement site and the particular effect being assessed. 
Figure 19.8 illustrates the two primary frequency we1ghtings that reflect the sen­
sitivity of the body in the respective directions. 

The overall weighted root-mean-square (rms) acceleration 1s detennined m 
the time or frequency domain m each axis. The assessment is made based on 
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FIGURE 19.8 ISO 2631-1: 199733 frequency-weighting curves for whole-body vibration 
in the horizontal (Wd) and vertical (Wk) directions. (Redrawn w1th penruss10n. Copyright 
by the International Orgamzatlon for Standardization. Standard can be obtained from any 
member body or directly from the ISO Central Secretanat, ISO, Casepostal 56, 1211 
Geneva 20, Sw1tzerland.) 

the highest weighted acceleration level. If vibration in two or more directions 1s 
comparable, then additional direction-dependent rnultiplymg factors are applied 
and the vibrat10n total value (VTV) or vector smn is calculated. 

Other methods are also described, including the running rms method and 
fourth-power vibration dose method (using the vibration dose value, or VDV). 
The VDV is more sensitive to peaks in the exposure. Figure 19.9 depicts the 
Health Guidance Caution Zones provided in the ISO 2631-1:1997 and ANSI 
S3.18-2002. These guidance zones apply to the overall weighted accelerations 
determined at the seat pan m the three translational directions. In the figure, the 
zones defined by the solid lines are applicable to the rms acceleration level. The 
zones defined by the dotted lines are applicable to the fourth-power vibration 
dose method. Below the zones, health effects have not been clearly documented 
or observed. Within the zones, caution is mdicated for potential health nsks. 
Above the zones, health risks are likely.33 

For est1matmg the effects of structure-borne whole-body vibration on corn­
fort and perception, rotational frequency weightings and multiplying factors are 
included for the seated occupant. 33 The VTV 1s recommended for assessmg 
comfort. The standard ISO 2631-1:1997 provides six comfort reactions to vibra­
tion and the associated overall we1ghted acceleration levels rangmg from "not 
uncomfortable" to "extremely uncomfortable." These reactions have no time 
dependency. 
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F1GURE 19.9 ISO 2631-1:1997 Health Guidance Caution Zones.33 Equations (B.l) 
and (B.2) are defined in the standard. (Reprinted w1th pem11ss10n. Copyright by the Inter­
national Orgam.zation for Standardization. 6t:awlard can be obtained from any member 
body or directly from ISO Central Secretariat, ISO, Casepostal 56, 1211 Geneva 20, 
Switzerland.) 

Gmdelines on motion sickness are pnmarily applicable to ships and other sea 
vessels. The weighted rms acceleration 1s determined between 0.1 and 0.5 Hz 
m the vertical direction at the supporting surface. Two methods are given for 
calculating the motion sickness dose value (MSDV2). An approximation of the 
percentage of individuals who may vomit is given by Km(MSDVz), where Km 
½ for a population of unadapted male and female adults.33 

The standard ISO 2631-2:2003, entitled "Part 2: Vibration in Buildings (1 Hz 
to 80 Hz)," 1s directed toward human exposure in buildings wifu respect to coma 
fort and annoyance. A smgle frequency weighting, Wm, is defined fuat is related 
to fue combined-response rating curve used in fue older 1989 edition. The gen­
eral guidelines for measunng the vibration are similar to fuose given m ISO 
2631-1:1997. The vibration is measured in the three orthogonal axes with the 
directions relatmg to the structure and defined for fue standing mdividual (Part 1). 
The measurements are made at a location where the highest frequency-we1ghted 
vibration occurs. Categories of sources are provided and include (a) continuous 
or sem1contmuous processes (e.g., industry), (b) permanent intermittent activities 
(e.g., traffic), and (c) lim1ted duration (nonpermanent activities, e.g., construc­
tion). The 2003 standard does not include acceptable levels of vibration. The 
consensus of opinion is that sufficient information was not available at fue time for 

HUMAN VIBRATION EXPOSURE GUIDELINES 881 

establishing appropriate vibration levels g1ven the complexity of human response 
to building vibration. The standard does indicate fuat adverse comments about 
residential building vibration may occur when fue magnitudes or levels are only 
slightly higher fuan the perception levels (ISO 2631-1:1997, Annex C).33 Other 
complaints may be due to secondary effects such as reradiated noise (ISO 2631-
2:2003, Annex B).34 There should be no reason to consult the Health Guidance 
Caution Zones in ISO 2631-1:1997, Annex B, except in an extremely rare build­
ing vibration environment. 

The standard ISO 2631-5:2001,36 entitled "Part 5: Method for Evaluation of 
Vibration Containing Multiple Shocks," directs attention to the healfu of fue lum­
bar spine. Exposures to multiple shocks may occur in fue operation of equipment 
and vehicles over rough terrain or rough seas. A biomechanical model is used 
to predict fue response of the human spine to a given input and to generate an 
acceleration dose. The standard provides guidelines on using the acceleration 
dose to assess fue health effects of multiple shocks based on the probability of 
an adverse health effect that depends on the relationsh1p between the ultimate 
strengfu of the lumbar spine, the age of the persan, and the number of years of 
exposure. 

Airborne Whole-Body Vibration Criteria 

Current guidelines for airbome vibration are given in terms of fue noise exposure. 
The Air Force Occupational, Safety, and Health Standard AFOSHSTD 48-1914 

recommends that, for minimizing whole-body vibration effects, no octave- or 
one-fuird-octave-band noise level exceed 145 dB for frequencies in the range 
of 1-40,000 Hz and that fue overall A-weighted sound pressure level be below 
150 dBA w1fu no time lim1ts. The ACGIH38 recommends that one-fuird-octave­
band levels between 1 and 80 Hz should not exceed 145 dB, and fue overall 
unweighted SPL should not exceed 150 dB. The assessment of airbome vibration 
exposure may differ depending on which guideline 1s used. Minimal research 
has been conducted on the physiological and pathological effects that may be 
associated with airborne vibration. 

Hand-1'.ransmitted Vibration Criteria 

The ISO provides basic guidelines for assessing hand-transmitted vibration m ISO 
5349, "Mechanical Vibration-Measurement and Evaluation of Human Expo­
sure to Hand-Transrmtted Vibration." The standard consists of two parts: Part 
1: General Requrrements (ISO 5349-1:2001)30 and Part 2: Practical Guidance 
for Measurement at the Workplace (ISO 5349-2:2001).39 For hand-transmitted 
vibration, fue center of the coordinate system is the head of fue fuird metacarpal 
with the z axis defined as the longitudinal axis of the third metacarpal, the y axis 
in the general direction of fue tool handle (basicentric coordinate system), and 
the x axis passing from the top to the bottom of fue hand. Figure 19.10 illus-
trates fue frequency weightings or factors associated wlth fue center frequencies 
of one-fuird-octave bands for assessmg the effects of hand-transrmtted vibration. 
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FIGURE 19.10 ISO 5349-1:2001 Frequency-we1ghtmg curve Wh for hand-transnntted 
vibration.33 (Redrawn with pernussion. Copyright by the International Orgamzation for 
Standardization. Standard can be obtamed from any member body or directly from the 
ISO Central Secretartat,'ISO, Casepostal 1211 Geneva 20, Switzerland.) 

The quantity used to assess health effects is the 8-hr energy-equivalent vibra­
tion total value [A(8)], or daily vibration exposure. It 1s assumed that the health 
risk for hand-transID1tted vibration applies to all three orthogonal directions. 
Therefore, the same we1ghting curve (Fig. 19.10) is applied to vibration in each 
of the three orthogonal axes. The vector sum of the overall weighted accelera­
tions estimated for each axis defines the vibration total value (ahv), Figure 19.11 
depicts the daily exposure values [A(8)] expected to produce vibration-induced 
white finger in 10% of persons exposed for a given number of years, Dy. The 
standard ISO 5349-2:200139 provides additional guidelines for measuring hand­
translllltted vibration m the workplace, detefllllning the daily vibration exposure, 
and selectmg appropnate operations. The measurement of vibration entering the 
hand may not always be practical. Part 2 mcludes practical measurement loca­
tions for selected power tool types and summarizes the locat10n of accelerometers 
used in vibration-type test standards for a vanety of power tools. These locations 
are usually close to the hand. 

Additional Exposure Standards and Guidelines 

Other organizations and countries have generated standards and guidelines that 
compliment, supplement, or even differ from the human vibration standards 
described above, particularly the ISO 2631-1: 1997. The ACGIB38 provides guide­
lines for whole-body as well as hand-transmitted vibration. The European Union 

REFERENCES 883 

2 3 4 5 6 7 8 9 10 20 30 

A(8) value, m/s2 

FIGURE 19.11 Vibratwn exposure for predicted 10% prevalence of vibration-induced 
white finger m a group of exposed persons. (Redrawn from ISO 5349-1:200130 w1th 
perrmss1on. Copyright by the International Organization for Standardization. Standard 
can be obtamed from any member body or directly from the ISO Central Secretartat, ISO, 
Casepostal 56, 1211 Geneva 20, Switzerland.) 

has recently published a directive on health and safety requirements for exposure 
to both whole-body and hand-transmitted vibration. It is important that design­
ers and assessors understand the similanties and differences among the various 
standards and the appropnateness of their applicability. It is also cntical to use 
current editions of these standards since new information could have significant 
influences on defining health nsk. 
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CHAPTER20 

Criteria for Noise in Buildings 
and Communities 

LEO L. BERANEK 

Consultant 
Cambridge, Massachusetts 

One of the early steps in the arclntectural design of a building 1s the specification 
of acceptable noise levels m the spaces for occupancy by human beings. Noise 
sources in rooms include the arr-handling and conditioning system (HVAC), the 
occupants themselves, machinery m the room, and vibration of the surfaces of 
the room by maclnnery outs1de. In this chapter, the sources of the noise in a 
space are, in general, not discussed. However, in many cases, such as m offices, 
dwellings, schools, auditoriums, and studios, it is generally true that the most 
likely annoying noise 1s created by the HVAC system. In those cases the critena 
presented here apply to the HVAC noise alone as measured w1thout the presence 
of people. In shops, manufactunng plants, and restaurants, the principal noise 
sources are maclnnery or large numbers of people. In such spaces the designer 
only has to make sure that the HVAC levels do not exceed the liberal limits 
suggested in this chapter. 

20.1 SOUND LEVELS: DEFINITIONS 

The sound (noise) levels, ail in decibels, that are used m tins chapter are taken 
from Chapter 1, which, in turn, were taken from U.S. and mternational standards: 

• Sound pressure level (SPL) Lp [see Eq. (1.21)]. 
• A-weighted sound pressure level LA [see Eq. (1.22)]. 
• The equivalent sound level Leq, which 1s broadly defined by 

J{ p~(t)dt 
Leq = Lav,T = 10 log(l/T) 2 dB 

Pret 
(20.1) 

where T 1s the lime over which the averagmg takes place and must be specified 
[see Eq. (1.23)]. 
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CHAPTER20 

Criteria for Noise in Buildings 
and Communities 

LEO L BERANEK 

Consultant 
Cambridge, Massachusetts 

One of the early steps in the arclutectural design of a building is the specification 
of acceptable noise levels rn the spaces for occupancy by human bemgs. Noise 
sources in rooms include the air-handling and conditioning system (HVAC), the 
occupants themselves, machinery in the room, and vibration of the surfaces of 
the room by machinery outside. In tlus chapter, the sources of the noise in a 
space are, rn general, not discussed. However, in many cases, such as in offices, 
dwellings, schools, auditoriums, and studios, it is generally true that the most 
likely annoying noise is created by the HVAC system. In those cases the criteria 
presented here apply to the HVAC noise alone as measured without the presence 
of people. In shops, manufacturing plants, and restaurants, the principal noise 
sources are machinery or large numbers of people. In such spaces the designer 
only has to mak:e sure that the HVAC levels do not exceed the liberal lirnits 
suggested in this chapter. 

20.1 SOUND LEVELS: DEFINITIONS 

The sound (noise) levels, ail in decibels, that are used m th1s chapter are taken 
from Chapter 1, wluch, m turn, were tak:en from U.S. and international standards: 

• Sound pressure level (SPL) Lp [see Eq. (1.21)]. 
• A-weighted sound pressure level L.4 [see Eq. (1.22)]. 
• The equivalent sound level Leq, wlnch is broadly defined by 

foT p71(t) dt 
Leq = Lav,T = 10 log(l/T) 2 dB 

Pref 
(20.1) 

where T is the time over which the averagmg tak:es place and must be specified 
[see Eq. (1.23)]. 
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• A-weighted equivalent sound level Leq,A is that given by Eq. (20.1), but 
with the A-weighted frequency response in place in the measunng mstru­
ment. Often this quantlty is simply labeled Leq and the A weighting is 
known through its expression in dBA [see Eq. (1.24)]. 

• The band average sound level is that given in Eq. (19.1), but with the band 
width specifièd. 

• The averaging time T can be a matter of fractlonal seconds, mmutes, hours, 
days, or even a year. Always, it must be specified. 

• Day-night sound level Lctn [see (l.25)]. Note, m some nations, the 24-h 
period is divided into three intervals, day, evening, and night, for which 
Eq. (1.25) must have three integrals with the interval tilnes specified. 

• A-weighted sound (noise) exposure (proportional to energy flow, 
intenslty urnes time, in a sound wave in the time period T) [see Eq. (1.26)]. 

• A-weighted sound (noise) exposure level LEAT Eq. (1.27)]. 
• Speech interference level SIL is the average of the sound pressure levels 

m the four octave bands, whose midfrequencies are 500, 1000, 2000, and 
4000 Hz. 

20.2 EVALUATION OF ROOM NOISE: SURVEY METHOD, 
ENGINEERING METHOD, AND PRECISION METHOD 1 

~ •• .,,, <) 

Current-Day Sound-Level Meters 

Current-day sound-level meters are used to determine the sound levels in some 
or all of the ten octave bands with midfrequencies from 16 to 8000 Hz. The 
meter "speed" can be set to slow, fast, or impulse. When the meter speed is set 
to "fast," a running integration time of about 125 ms is achieved. The output of 
the meter can be set to read or store the following levels: Leq, the eqmvalent 
n01se level over the measurement ttme penod; the peak level Lmax; and the 
statistical levels L10, Lso, L90, and L95, where the subscript means that level is 
exceeded 10, 50, 90, or 95% of the time. The 50% level is the median level. 
When measuring A-weighted sound levels, the meter speed is set at "slow." For 
monitoring, the meters usually have storage capacity from 1 s up to 24 h. The 
stored data can be sampled as often as every 100 ms. Acoustical consultants say 
that their measunng time of HVAC noise at a particular location in a room is 
usually under a minute. 

Survey Method - LA 

An A-weighted sound level LA is often used for surveying whether a measured 
noise level satisfies a specified noise criterion. It 1s readily measured with the sim­
plest sound-level meters. The measurement of LA 1s the average of the maximum 
meter readings, with the meter response set at slow, and obtained by movmg the 

EVALUATION OF ROOM NOISE 889 

microphone about the room, avo1ding posit10ns near the surfaces or the geometric 
center. It is assumed that the measured noise is free of pure toues and HVAC 
surging. The presence of HVAC surgmg can usually be detected by listening or 
by observmg the meter swmgs using the "fiat" (or "C") frequency weighting and 
the fast meter response. 

Because lacks specific spectral information, 1t can be misleading m evalu-
ating noise other than that arismg from reasonably well-des1gned HVAC systems. 
The values given m Table 20.1 are recommended for estimating whether mea­
sured A-weighted levels may be suitable for the purposes indicated. The numbers 
presented in that table are largely influenced by the results of a request to a num­
ber of consulting .firms for examples of excessive noise situations.2 Fourteen firms 
responded. The acceptable and unacceptable octave-band levels in school rooms, 
auditoria, offices, and hotel rooms resulted. Those data indicated that the best 
method to use in writmg specifications, where HVAC surging and large sound 
fluctuations are not expected, is to use noise criterion (NC) curves, described in 
the next section. (Note: The acceptable NC curves for vanous occupancies of the 
spaces are given m Table 20.2. Table 20.1 was detenmned from Table 20.2 and 
the NC curves of Fig. 20.1 as follows: For each of the NC curves the speech 
interference level (SIL) and the A-we1ghted effective level (LA) were calculated 
and LA SIL found. These differences were added to the levels in Table 20.2 
to obtam the levels of Table 20.1. For example, LA - SIL for the NC-40 ente­
non curve is 8 dB, which means that where 40 dB appears in Table 20.2, 48 dB 
appears m Table 20.1. Also m reference 2, the octave-band levels for 14 cases 
of excessive noise at low frequenc1es revealed that LA SIL= 14 dB is clearly 
unacceptable, while in offices with acceptable n01se levels LA SIL did not 
exceed approximately 7.5 dB.) 

Engineering Method: NC Curves 

The most widely used method today for evaluating the suitability of the noise in 
a space for human occupancy and for wnting n01se specificatlons employs the 
NC curves shown in Fig. 20.1.3,4 The 11umerical values from which 20.1 was 
plotted are given in Table 20.2 (rounded to the nearest decibel). In measunng 
a noise the sound-level meter (with octave-band filtering) is set to yield Leq 
with a slow meter, fiat response. The mtegration time T can be of any desired 
length-seconds, hours, or months. If each octave-band meter reading slowly 
fluctuates over a small range, the average value is used. 

For writing specifications, the suggested NC ratings for various occupancies 
are shown in Table 20.2. For example, for small offices, NC-35 to NC-40 is listed. 

When evaluating a measured noise spectrum, the octave-band levels are plotted 
on the set of curves in 20.1. The rating given to the noise 1s set by the band 
level that "touches'' the highest NC curve (interpolated to the nearest decibel). 
For example, assume that the levels in the e1ght bands from 31.5 to 4000 Hz 
were 68, 65, 61, 58, 50, 42, 37, and 30 dB, respectively. The highest NC rating 
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TABLE 20.1 Recommended A-Weighted Sound-Level Criteria for HVAC Systems 
for Rooms (Unoccupied) of Varions Uses 

Occupancy 

Small auditoriums 
Large auditoriums, drama theaters, and large 

churches (for very good speech aruculation) 
TV and broadcast studios (close llllcrophone pickup only) 
Leg1tunate theaters 
Pnvate res1dences 

Bedrooms 
Apartments 
Family rooms and 

Schools 
Lecture and classrooms 

rooms 

With areas less • than 70 m2 

With areas greater than 70 m2 

Open-plan classrooms 
Hotels/motels 

Individual rooms or suites 
Meeting/banquet rooms 
Service support areas 

Office buildings 
Offices 

Executive 
Small, pnvate 
Large, with conference tables 

Conference rooms 
Large 
Small 

Open-plan areas 
Business machines, computers 
Public circulation 

Hospitals and climcs 
Pnvate rooms 
Wards 
Operating rooms 
Laboratones 
Corridors 
Public areas 

Mov1e theaters 
Churches, small 
Courtrooms 
Libraries 
Restaurants 
L1ght mamtenance shops, industrial plant control rooms, 

kltchens and laundries 
Shops and garages 

Note: Data based on LA - SIL for NC curves of Table 20.2. 

A-Weighted Sound 
Level L,1 in dBA 

35-39 
30-35 

16-35 
30-35 

35-39 
39-48 
39-48 

44-48 
39-44 
44-48 

39-44 
35-44 
48-57 

35-44 
44-48 
39-44 

35-39 
39-44 
44-48 
48-53 
48-57 

35-39 
39-44 
35-44 
44-53 
44-53 
48-52 
39-48 
39-44 
39-44 
44-48 
48-52 
52-62 

57-67 
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TABLE 20.2 Recommended NC and RNC Noise Criterla for HVAC Systems for 
Rooms (Unoccupied) of Varions Uses 

Occupancy 

Recording studios 
Broadcru;t studios ( distant microphone pickup used) 
Concert halls, opera bouses, and recital halls (listenmg to 

famt musical sounds) 
Small auditonums 
Large auditoriums, large drama theaters, and large churches 

(for very good speech articulation) 
TV and broactcast studios (close microphone pickup only) 
Legmmate theaters , 
Private residences 

Bedrooms 
Apartrnents 
Family rooms and living rooms 

Schools 
Lecture and classrooms 

With areas less than 70 m2 

With areas greater than 70 m2 

Open-plan classrooms 
Hotels/motels 

Individual rooms or suites 
Meeung/banquetrooms 
Service support areas 

Office buildings 
Offices ,, 

Execuhve 
Small, private 
Large, with conference tables 

Conference rooms 
Large 
Small 

Open-plan areas 
Busmess ma~hines, computers 
Public circulation 
Hospitals and cfuucs 

Private rooms 
Wards 
Operatmg rooms 
Laboratories 
Corridors 
Public areas 

Mov1e theaters 
Churches, small 
Courtrooms 
Libranes 
Restaurants 
Light mamtenance shops, mdustrial plant contrai rooms, 

kitchens and laundnes 
Shops and garages 

NC and RNC Recomrnended 
Cntenon Curve 

Lowest curve of Fig. 20.1 
10 

15-18 

25-30 
20-25 

15-25 
20-25 

25-30 
30-40 
30-40 

35-40 
30-35 
35-40 

30-35 
25-35 
40-50 

25-35 
35-40 
30-35 

25-30 
30-35 
35-40 
40-45 
40-50 

25-30 
30-35 
25-35 
35-45 
35-45 
40-45 
30-40 
30-35 
30-35 
35-40 
40-45 
45-55 

50-60 
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FIGURE 20.1 Noise cntena curves derived from interviews and simultaneous noise 
measurements extended to low frequenci~~ by comparison with balanced NC (NCB) 
curves. These NC curves are used to rate noisè'li by the "tangency method."2•3•5•10 Region 
A mdicates low-frequency levels that may produce feelable vibrations and rattles from 
lighting fixtures m lightweight constructlons if fluctuations or surging is present. The 
threshold of hearing is ta.ken from ANS! S12.2-1995. 

curve "touched" by this spectrum is detennined by the 58-d.B level in the 250-Hz 
band and equals NC-50. This is the so-called tangency method of ratmg. 

The NC curves were origmally derived from a survey of noise m a large 
number of offices and spaces m a military Arr Force base5 and in several office 
buildings.6 The surveys were conducted by asking occupants of rooms how they 
rated the noise both generally and at that instant ( on a scale with six divisions 
from "very quiet" to "intolerably noisy") and then measunng the noise at that 
instant. It was determmed that the activity most affected by the noise was speech 
communication both persan to person and by telephone. However, it was also 
found that even though speech communication might be satisfactory m a space, 
the low-frequency noise levels could be so high as to be annoying. How much 
higher can the low-frequency noise be compared to the rnidfrequency noise? It 
was found that the overall loudness of the nmse had to be taken into consideration. 
To answer this question, two quantities were measured, the SIL and the loudness 
level of the noise. 

The SIL 1s a measure of the degree of interference of a noise w1th speech 
communication. It is standardized as the average sound pressure level, in decibels, 
in the four octave bands 500, 1000, 2000, and 4000 Hz.7 
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TABLE 20.3 Noise Criteria Curves from Fig. 20.1 to Nearest Decibel 

By Octave-Band Center Frequencies, Hz 

NCCURVE 16 31.5 63 125 250 500 1000 2000 4000 8000 

NC-70 90 90 84 79 75 72 71 70 68 68 
NC-65 90 88 80 75 71 68 65 64 63 62 
NC-60 90 85 77 71 66 63 60 59 58 57 
NC-55 89 82 74 67 62 58 56 54 53 52 
NC-50 87 79 71 64 58 54 51 49 48 47 
NC-45 85 76 67 60 54 49 46 44 43 42 
NC-40 84 74 64 56 50 44 41 39 38 37 
NC-35 82 71 60 52 45 40 36 34 33 32 
NC-30 81 68 57 48 41 35 32 29 28 27 
NC-25 80 65 54 44 37 31 27 24 22 22 
NC-20 79 63 50 40 33 26 22 20 17 16 
NC-15 78 61 47 36 28 22 18 14 12 11 

The loudness level is determined by a standardized computational procedure 
which yields results in units called phons.8 Needed are measured octave- or 
one-third-octave-band levels in all the frequency bands. 

The studies revealed that the loudness level (in phons) should not exceed the 
SIL (in decibels) by more than about 24 units if the space 1s not to be annoying to 
the occupants. Because low-frequency sounds are Jess loud than high-frequency 
sounds, their levels can be higher. Thus w1th increasing frequency the NC curves 
slope downward monotonically and their shape is detennined to resemble that 
of well-known "equal-loudness" curves.9 The amount of slope and the shape of 
the spectrum are detennined by the 24-umt difference just mentioned. (Note: The 
average of the levels in the four speech interference bands for each NC curve in 
Fig. 20.1 is between 0.25 and 1 dB higher than the designating number shown 
for the curve. The ryason is that a shift m the frequency lirnits for the octave 
bands was standardized some years after these curves were developed. However, 
the decibel values for the points and the des1gnating numbers on these curves are 
exactly the same as onginally presented.) 

It must be emphasized that the NC curves so derived give the upper permissible 
lirnit of the low-frequency noise once the SIL is known. Thus, the shape of a 
NC curve is not the shape of an ideal noise spectrum, but rather is the shape of 
a "not-to-be-exceeded" spectrum. 

Two basic assumptions concerning the curves of Fig. 20.1 are that the noise 
contains no pure tones and there is no surging of the noise from fans that drive 
the HVAC system. 

Concerning the measurement of sound levels at each point on a NC curve, the 
meter response is set to suit the desired result. If the equivalent noise level over 
a penod of hours or days is decided, the slow meter response is selected. For 
short samples of the measured noise, the fast response is used. For example, a 
series of 100-1000 samples each 100 ms long requires fast response. The meter 
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can show the equivalent level Leq m decibels for the sequence, or the maxnnum 
level Lmax, or the level above which 10% of the mterval levels are found, called 
L10, or the Lso level, which 1s the mean level, or the L 90 level. Sorne consultants 
believe the Lso level correlates well w1th people's Judgment of the acceptability 
of therr noise envrronment, prov1ded that the speech intelligibility requrrement 
1s met. 

Comments about NC Curves. The NC curves as onginally derived did not 
extend down to the 31.5- and 63-Hz octave bands. These two bands have been 
added by the author to the onginal curves, based on the studies that led to the bal­
anced n01se criterion (NCB) curves that are briefly discussed below. The revised 
curves of Fig. 20.1 have been shown in two studies to predict successfully all 
known cases of s1zable complamts by occupants of existing building spaces.10-11* 

ln none of these cases was surging detected. 
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FIGURE 20.2 Balanced n01se criteria curves, taken from ANSI Sl2.2-1995. These 
curves are used to rate noises with a procedure described in the standard and ref. 10. 

*In ref. 11, 238 measured sound-pressure-level spectra were obtamed from the consultmg files of 
Cavanaugh Tocc1 Assoc1ates. Plots were made of the relat10n between NC (tangency method) and 
NCB (tangency method). The two were closely related with an R2 = 0.97. Similarly, the NCB ratmg 
was plotted m relation to the RC or RC II ratmg, with a correlation of R2 = 0.98, except that the RC 
values are about 2 dB greater than the NC values because the NC curves are based on the average 
of the levels m the 500-, 1000-, 2000-, and 4000-Hz bands, while the RC curves are Jabeled based 
on the average of the levels in the 500-, 1000-, and 2000-Hz bands. 
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NCB Curves 

The NCB curves shown m Fig. 20.27 were derived from the followmg prernises: 
(1) the rating number for each curve should equal its four-band SIL; (2) the 
calculated octave-band loudness for those bands from 125 to 8000 Hz should 
contain the same number of cntical (hearing) bands, and for the two lower bands, 
the loudnesses should be weighted downward. in proportion to the fraction of 
cntical bands contamed; and (3) the difference between the SIL (in decibels) and 
the loudness level (in phons) for a criterion curve should not exceed 24 units. 
The detailed method of applying NCB curves to the evaluation of HVAC n01se 1s 
not discussed here, because they have not found widespread use, m spite of their 
bemg contained in ANSI Sl2.2-1995. As mentioned above, the NC curves have 
been extended to the 16- and 31.5-Hz bands by comparison w1th the rationale 
that led to the NCB curves. Except for the method of applying them to the rating 
of a noise, the NCB curves differ little from the NC curves of Fig. 20.1. 

The levels taken from the NCB curves (rounded to the nearest decibel) are 
listed in Table 20.4. 

RC (Originally Called "Revised Criteria") Curves 

The RC critena curves for evaluating n01se m a room or for specificat10ns were 
built around the point of view that sound levels lower than those shown by the 
NC curves of Fig. 20.1 should always be specified for the bottom three-octave 
frequency bands (31.5, 63, and 125 Hz). The pnmary reason g1ven 1s that if there 
are strong fluctuat10ns or surgmg in the HVAC noise, the specified low-frequency 
octave-band levels for the RC curves ought to be low enough so that the n01se 
1s not disturbing. 

The basis for the RC curves was a set of measurements made in the early 1970s 
of the n01se in 68 offices where the HVAC n01se levels were Judged satisfactory. 

TABLE 20.4 Balance~ Noise Criteria Curves from Fig. 20.2 to Nearest Decibel 

By Octave-Band Center Frequencies, Hz 

NCB CURVE 16 31.5 63 125 250 500 1000 2000 4000 8000 

NCB-65 97 88 79 75 72 69 66 64 61 58 
NCB-60 94 85 76 71 67 64 62 59 56 53 
NCB-55 92 82 72 67 63 60 57 54 51 48 
NCB-50 89 79 69 62 58 55 52 49 45 42 
NCB-45 87 76 65 58 53 50 47 43 40 37 
NCB-40 85 73 62 54 49 45 42 38 35 32 
NCB-35 84 71 58 50 44 40 37 33 30 27 
NCB-30 82 68 55 46 40 35 32 28 25 22 
NCB-25 81 66 52 42 35 30 27 23 20 17 
NCB-20 80 63 49 38 30 25 22 18 15 12 
NCB-15 79 61 45 34 26 20 17 13 10 7 
NCB-10 78 59 43 30 21 15 12 8 5 2 
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When plotted, those noise-level spectra, on average, sloped off linearly w1th 
frequency at the rate of 5 dB/octave in the bands from 63 to 4000 Hz. It was 
concluded that if the measured spectra in satisfactory office environments had 
that characteristic, the -5 dB/octave line 1s "optimum," but no compansons with 
other spectra were made. 

The RC curves are shown m Fig. 20.3 and the values are listed in Table 20.5.12 

In this chapter, only the Mark II version of the RC method is employed, which 
differs from the original version in that the levels in the 16- and 31.5-Hz bands 
are equal instead of the 16-Hz band being 5 dB higher than the 31.5-Hz band. 
Also the procedure for evaluating measured data is different. 

An RC curve suitable for a particular type of room may be determined from 
Table 20.6. The values there were chosen to permit satisfactory speech mtelli­
gibility, where that is important, or to provide noise levels that are not above 
normal actlvity sounds. 

When evaluating a noise spectrum usmg the RC method, the first step 1s to 
determine the average of the measured sound levels m the 500-, 1000-, and 2000-
Hz octave bands, the midfrequeney average, which Reference 11 calls level at 
midfrequencies (LMF). This number identifies the level of the measured spectrum 
in the frequency region most important to speech communication, and it selects 
the reference RC curve used as a starting point for the analys1s that follows. 
For example, if the LMF is 36 dB, the RC-36 becomes the reference curve. 
If that LMF is suited to the activitietthat take place m the space in wluch 
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FIGURE 20.3 Noise criteria RC Mark II curves, denved from measurements of HVAC 
noise m offices. These RC curves are used to rate noises by a procedure detailed m ref. 12. 
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TABLE 20.5 Noise Criteria RC Curves from Fïg. 20.3 to Nearest Decibel 

By Octave-Band Center Frequencies, Hz 

RC CURVE 16 31.5 63 125 250 500 1000 2000 4000 8000 

RC-25 50 50 45 40 35 30 25 20 15 10 
RC-26 51 51 46 41 36 31 26 21 16 11 
RC-27 52 52 47 42 37 32 27 22 17 12 
RC-28 53 53 48 43 38 33 28 23 18 13 
RC-29 54 54 49 44 39 34 29 24 19 14 
RC-30 55 55 50 45 • 40 35 30 25 20 15 
RC-31 56 56 51 46 41 36 31 26 21 16 
RC-32 57 57 52 47 42 37 32 27 22 17 
RC-33 58 58 53 48 43 38 33 28 23 18 
RC-34 59 59 54 49 44 39 34 29 24 19 
RC-35 60 60 55 50 45 40 35 30 25 20 
RC-36 61 61 56 51 46 41 36 31 26 21 
RC-37 62 62 57 52 47 42 37 32 27 22 
RC-38 63 63 58 53 48 43 38 33 28 23 
RC-39 64 64 59 54 49 44 39 34 29 24 
RC-40 65 65 60 55 50 45 40 35 30 25 
RC-41 66 66 61 56 51 46 41 36 31 26 
RC-42 67 67 62 57 52 47 42 37 32 27 
RC-43 68 68 63 58 53 48 43 38 33 28 
RC-44 69 69 .64 59 54 49 44 39 34 29 
RC-45 70 70 65 60 55 50 45 40 35 30 

the measurements were made (from Table 20.6), and if the spectrum closely 
approximates the reference curve, the n01se is given a ratmg of "N," neutral. 

If the measured spectrum 1s not "neutral," the RC (latest vers10n, Mark Il) 
ratmg procedure begms with the reference curve derived from it. Next, deter­
minat1on of three quant1ties is calculated from the measured spectrum, each 
called, energy-average spectral deviation factor. Three frequency regions are 
chosen for this analysis-low (16-63 Hz), middle (125-500 Hz), and high 
(1000-4000 Hz)-dubbed the LF, or "rumble," the MF, or "roar," and the HF, 
or "hiss," regions. 

The procedure 1s as follows: First, for each octave-frequency band m the 
measured spectrum, the difference m decibels between that spectrum and the 
reference RC curve is found. The sign may be either positive or negative. For 
each of the three frequency regions, LF, MF and HF, the three octave-band 
differences therein are summed on an energy basis, which yields an energy­
average spectral deviation factor for that reg10n. For example, assume the three­
octave-band differences in the LF region are 4, 5, and 9 dB, giving an averaged 
energy level of 4.54, and 10 log 4.54 6.57 dB. This factor is also determined 
for the MF and HF regions, wluch, as an example here, we shall assume are 
equal to 4.82 and -0.92 dB. Next, the quality assessment index QAI is defined 
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TABLE 20.6 Recommended RC Criteria for HVAC Systems for Rooms 
(Unoccupied) of Varions Uses 

Occupancy 

Private res1dences 
Bedrooms 
Apartments 
Faroily rooms and livmg rooms 

Schools 
Lecture and classrooms 
Open-plan classrooms 

Hotels/motels 
Individual rooms or suites 
Meeting/banquet rooms 
Halls, corridors, lobbies 
Service support areas 

Office buildings 
Executive offices 
Pnvate offices 
Private offices w1th conference tables 
Conference rooms 
Open-plan areas 
Business machmes/computers 
Public circulation 

Hospitals and climcs 
Private rooms 
Wards 
Operating rooms 
Laboratories 
Corridors 
Public areas 

Churches 
Libranes 
Courtrooms 
Restaurants 

"N neutral spectrum. 

RC Cntenon Curvea 

25-30 (N) 
30-35 (N) 
30-40 (N) 

30-35 (N) 
35-40 (N) 

30-35 (N) 
30-35 (N) 
35-40 (N) 
40-50 (N) 

25-35 (N) 
30-35 (N) 
25-30 (N) 
25-30 (N) 
35-40 (N) 
40-45 (N) 
40-50 (N) 

25-30 (N) 
30-35 (N) 
25-35 (N) 
35-45 (N) 
35-45 (N) 
40-45 (N) 

30-35 (N) 
35-40 (N) 
30-40 (N) 
40-45 (N) 

as the difference (in decibels) between the maximum and mmimum values of the 
three spectral dev1ation factors JUSt deterrnined. In our example QAI 6.57 
(-0.92) = 7.5 dB. 

By the RC Mark II procedure, a neutral spectrurn is one for which QAI 
1s less than 5 dB and L16 and L 31.5 are at rnost 65 dB. If the htghest positive 
spectral deviation factor occurs in the LF region, the spectrum is evaluated as 
having (i) a "marginal rumble" if 5 dB < QAI::::: 10 dB or (ii) an "objectionable 
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rumble" if QAI > 10 dB. If the highest positive factor falls in the MF or the 
HF regions, the same decibel ranges for QAI are listed for evaluating a spectrum 
as having "marginal or objectionable roar or hiss." For example, a measured 
spectrum rnight be des1gnated as RC-45 (i.e., reference curve), roar (i.e., MF 
reg10n), and probably obJectionable (i.e., QAI exceeds 10 dB).12 

The RC procedure would seem to mean that m writing a specification, a 
particular RC curve would be specified, but with the understanding that the 
measured levels in any one of the three frequency reg10ns can be exceeded by 
about 5 dB without penalty. 

It must be noted that in the 68 offices origmally studîed, the A-weighted slow 
rneter sound level only covered a range of 40 to 50 dB, and thus none of the 
sound levels were cons1dered that are,found in spaces like concert halls at one 
extreme or factory spaces at the other. Second, the RC spectra are typ1cal of 
HVAC practtce m quality offices of the 1970 period and may not be typ1cal at 
any future time. 

The difficulty with the undisciplined use of the RC curves 1s that they penal­
ize those HVAC mstallattons that are free of surging or of large low-frequency 
fluctuatlons. In concert halls or other sites where very low background n01se is 
required, the HVAC systems must be of highest quality, free of surging or s1g­
nificant low-frequency fluctuations. The measured NC noise spectra for concert 
halls usually are specified to be in the range of NC-15 to NC-18 (See Fig. 20J 
and Table 20.2). The levels in the completed halls usually follow a NC curve 
down to the 63-Hz band or lower. If RC curves equal to RC-15 to RC-20 were 
to be specified at such a site, 15 or more decîbels of noise reduction would 
be reqw.red in the lowest bands. The cost of such an unnecessary reduction at 
low frequencies would be prohibltlve. Of course, the perce1ved danger, from the 
specification pomt of v1ew, is that a supplier rnight be told to meet, say, the 
NC-20 cnterion curve, but that he or she rmght, in fact, installa low-cost HVAC 
system whose air supply source exhibited surging and then ms1st that the sys­
tem meets the specificatton based on measurements in the octave bands with the 
usual sound-level meter set to slow response. Advanced techniques for evaluating 
spectra to determine whether the HVAC noise exhtbits surgmg or large random 
fluctuations are presented m the next section. 

Precision Method- RNC Curves13•14 

There is a need to evaluate HVAC systems in which surging from the driving 
fan(s) takes place and to write specifications for the design of HVAC systems to 
avoid the chance of surging. To listeners, surging 1s very apparent and disturbing, 
and it must be addressed both in the writing of specificat10ns and when diagnos­
mg the senousness of the noise afterward. Surging cannot be deterrnined by a 
conventional sound-level meter with the slow meter speed and "A" frequency­
weighted response m place, partly because surgmg primarily affects the levels in 
the low-frequency bands and partly because surging may be averaged out if the 
slow speed 1s used. 
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HVAC: Weil Behaved or Surging? Surging usually can be heard aurally or 1t 
can be seen visually on a standard sound-level meter by observing the levels in 
the 16-, 31-, and 63-Hz octave bands. The sound-level meter must be set for fast 
response and fiat frequency characteristic ( or C weighting). If surging is found from 
listening or observmg the levels in the octave bands above, then the RNC method 
of evaluation should be used to determine the seriousness of the noise condition. 

First, Some Psychoacoustics. In dev1sing a more precise method of evaluat­
ing whether the HVAC noise in a room is intrusive for its pnmary use, one must 
tum to the field of psychoacoustics for help. First, the ear only mtegrates (lumps 
together) s1gnificant vanations in the level of a sound provided they occur w1thin 
a short tinle period, that 1s, if the variations occur within a time period that 1s less 
than about 125 ms. That is. any fluctuations in HVAC noise that occur w1thm a 
time interval of about 100 ms are perceived as though the noise were continuous 
(w1th the same energy) m that period without fluctuations. 

A second reality 1s that the ear integrates the sound energy that falls within 
frequency bands called critical bands. Cntical bands increase m width at about 
the same rate as the widths of the octave frequency bands increase except at 
low frequencies. In the frequency reg1on below 125 Hz, the critical bands are 
about 100 Hz wide. Hence, the 16-, 31.5-, and 63-Hz octave-band levels must 
be combmed in some manner mto one band centered, say, at 31.5 Hz, in order 
that it can be treated m the same way as the hlgher frequency bands. 

A third fact arismg from the propêïties of hearing involves the loudness of 
sounds at low frequencies, that is, at frequencies below about 200 Hz. For the 
three octave bands 16, 31.5, and 63 Hz, a change of approXilllately 5 dB in 
level creates a doubling in the subjective loudness of a sound. For the 125-Hz 
band, a change of about 8 dB causes a doubling of loudness. For octave bands 
with lnidfrequencies of 250 Hz and above, a change of 10 dB is necessary to 
create a doubling in loudness. Thus, variations m level of the successive 100-ms 
intervals for the four lowest frequency bands must be treated differently from 
vanations in level of the 100-ms intervals for the higher frequency bands. The 
RNC procedures, about to be described, are designed to take mto account these 
three characteristics of the hearing system when evaluating the noise of a space. 

Large Random Fluctuations. Even though surging is not observed orally or 
visually, the presence of large random fluctuations at low frequenc1es is still a 
possibility. The s1mplest test for this requires the observation of the differences 
between the Lmax and Leq levels or the L 10 and the Leq levels in the 16-, 31-, 
63-, and 125-Hz bands w1th the meter set on fast. If the difference between Lmax 

and Leq for any one of the three lowest bands (16-, 31-, and 63-Hz octave bands) 
is greater than 7 dB, or Lrn - Leq > 4 dB, or if the difference between Lrnax 

and for the 125-Hz band 1s greater than 6 dB, or L 10 - Leq > 3 dB, large 
random fluctuations are indicated and the full RNC method should be used. 

We/1-Behaved HVAC Noise - Use NC Curves. When no surgmg or large­
scale fluctuations are observed, Leq measurements (slow scale) can be made in 
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all the octave bands for any length of time T (fractions of mmutes or longer) 
and the results compared with the NC curves of Fig. 20.1. The microphone used 
for the decibel measurements can be at one place m the room if the noise field 
1s uniform throughout, or by measunng at a number of pomts and averagmg 
the results, or srmply by rotatmg the lnicrophone at arm's length (2-m-diameter 
crrcle) and taking the average of the results. 

Agam, it must be borne in mind that all of the methods described m this chapter 
assume that there are no pure toues audible in the n01se. If a pure tone(s) is sus­
pected, narrow-band measurements (one-third octave or less) should be made to 
determine Its frequency and intensity. Then, the pure-tone source should be located 
and steps taken to reduce its level before evaluating the remaming HVAC noise. 

Found or Suspected Surging or Large Low-Frequency Fluctuations in 
HVAC Noise - Use RNC Curves. Wh~n surging or large low-frequency fluc­
tuations are found or suspected, the RNC procedure 1s recommended to determine 
the penalty. It requires the use of a contemporary sound-level meter and a com­
puter. The method incorporates the psychoacoustic facts discussed above. The 
RNC curves are shown in Fig. 20.4. Each RNC-X curve (e.g., RNC-40, RNC-50) 
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FIGURE 20.4 Balanced N01se criteria curves, devised in refs. 1,13, and 14 to rate 
n01ses that exhibit HVAC surging or large random fluctuations. In well-behaved HVAC 
systems the curves yield the same ratings as NC curves. When there are clearly audible 
HVAC surgmg or random vibrations, the curves yield ratings more like those of the RC 
curves-a penalty is imposed for surgmg that requires lower levels as measured with a 
"slow," sound-level meter setting. 
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TABLE 20.7 Coefficients Used in Eqs. (20.2) and 
(20.3) to Calculate R.~C-X Curves of Fig. 20.4 

Octave Band, Sound-Level Range, 
Hz dB Kiob 

a 
K200 

16 ::;81 64.3333 3 
>81 31 1 

31 s76 51 2 
>76 26 1 

63 s71 37.6667 1.5 
>71 21 1 

125 s66 24.3333 1.2 
>66 16 1 

250 Ali 11 1 
500 Ali 6 1 

1000 All 2 1 
2000 Ail -2 
4000 Ali -6 1 
8000 Ali -10 1 

4 The four-deci:rnal figures are only to give calculated RNC-X 
even-decibel values. 

can be denved from 
RNC<\î 

Lob = --- + K1ob 
K200 

(20.2) 

where RNC-X 1s the nurnber on the curve, Lob 1s the x-ax1s level for the part1cular 
octave band, and the constants K 2ob and K 100 are taken from Table 20.7 for the 
particular octave bands. 

Ex.ample 20.1. Calculate the SPL of the 63-Hz band for the RNC-20 curve of 
Fig. 20.4: 

Lob= (20/1.5) + 37.6667 = 13.3333 + 37.6667 51 dB. 

Conversely, the nearest &.~C evaluatmn curve for a measured octave-band level 
can be obtained from 

(20.3) 

Example 20.2. Assume the rneasured level in the 125-Hz octave band Lob 1s 
55 dB. Determine which RNC curve (to nearest decibel) that measurernent touches: 

RNC-X (55 24.3333) x 1.2 = RNC-37 

Recommended RNC Curves. The recommended RNC curves for spaces are 
the sarne as those for the NC curves and are given in Table 20.2. 

If there is no surging or large scale-fluctuations, so that Leq levels eau be 
measured with the slow meter and fiat frequency response, evaluatlon by the 
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new RNC curves will yield results that are approximately equal to those from 
the NC curves. Therefore, the penrussible Leq levels at low frequenc1es compared 
to the SlL at midfrequenc1es will be as large as those shown in Fig. 20. L 

If surging and .fluctuations exist, the RNC method "penalizes" the Leq levels in 
the octave frequency bands below 300 Hz, so that if the disturbance m those fre­
quency bands 1s large, the pemussible Leq levels may approach the low-frequency 
levels of the RC curves, as in Fig. 20.3. 

Corrections to Measured Levels in Octave Bands at 16, 31.5, and 68 Hz 
When Surging or Large Fluctuations Exist. If surging and fluctuations 
exist, the RNC rnethod penalizes the Leq levels m the octave frequency bands 
below 300 so that if the disturbance in those frequency bands is large, the 
pemrissible Leq levels may approach the low-frequency levels of the RC curves, 
as in Fig. 20.3. Contemporary sound-level meters can store up to 24 h of data 
for later downloading to a computer. The data should be recorded with a fast 
rneter setting and a fiat frequency response. The stored data ( of whatever total 
tlme length) in bands or overall is sampled every 100 ms, fonning the required 
octave-band tinle series for the RNC method. For the total time period, Lpeak, 

L10, and Lso are also available. 
Each of the successive 100-ms samples is labeled i, where the ultimate i should 

be between 150 and 1000 depending on the suspected magmtude of the surgmg. 
Because the loudness of a sound, at a given level, 1s considerably less at 16 Hz 

than at 31.5 Hz and, in turn, the loudness is cons1derably less at 31.5 Hz than that 
at 63 Hz, m the RNC method the three octave bands w1th rn1dfrequencies at 16, 
31.5, and 63 Hz are combined and replaced by a "three-band-sum" at 31.5 Hz. 
To do this, ail of the measured 100-rns sarnples for the 16-Hz octave band are 
reduced by 14 dB and the samples for the 63-Hz octave band are mcreased by 
14 dB. These adjusted levels for the 16- and 63-Hz bands are combmed with the 
measured levels in the 31.5-Hz band on an energy baszs and the new level (in 
decibels) is called a three-band-sum. 

The ith 100-ms sample of this three-band-surn is called Lin. Calculate LLF,eq 

for the three-band-sum by summmg the energ1es of the samples and dividing by 
the number of sampies and taking 10 log of the result. Also, calculate LLFm, the 
mean level of the set of three-band-sum sarnples. 

The object now is to detennine a correction KLFc to be added to the measured 
Leq at 31.5 Hz (not the three-band-sum) that takes into consideratton both the 
LLFt values and the fact that a change of only 5 dB 1s needed for a doubling of 
loudness at 31.5 Hz-and at 125 Hz, 8 dB is needed. Let 13 stand for this change. 

First calculate the correction at 31.5 Hz, KLFc: 

(20.4) 

where 

( 
1 N ) 

KLFô = 10 log N ~ lQLaflO (20.5) 
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and where, at 31.5 Hz (8 5 dB), 

(20.6) 

The quantity KLFc 1s added to the measured equivalent level Leq (long time 
energy average) in the 31.5-Hz octave band and 1s plotted on Fig. 20.4 (no 
numbers are plotted in the 16- and 63-Hz bands). If data are not available for the 
16-Hz band, the three-band-sum is determined for the 31.5- and 63-Hz bands. 

Correction to Measured Level in Octave Band at 125 Hz If Surging /s 
Observed or Suspected. The level of each element of the 100-ms serres at 
125 Hz is called Calculate L125eq at 125 Hz by combining the energies 
of the samples and dividing by the number of samples and takîng 10 log of the 
result. Also, calculate L 125m, the mean level of the set of samples at 31.5 Hz. 
The correction to be added to the measured 125-Hz octave-band Leq is called 
K 125c and is given by 

(20.7) 

where 
•• 4 L 10 

( 
N ) K12ss = 10 log N ttlO /3! (20.8) 

and where, at 125 Hz (8 = 8 dB), 

LfJ (20.9) 

Example for Surging. Used 1s a set of random data having a Gaussian distri­
bution w1th a standard deviation of about 3 dB for the combined 16-31.5-63-Hz 
band. Superimposed is a sinusoidal vanation with a peak-to-peak amplitude of 
15 dB. Shown in Table 20.8 are 10 of the 1000 measured octave-band levels each 
100 ms in length. The three-band-sum defined above is given in the last column. 

The summary data for 1000 samples are listed in Table 20.9. The correction 
KLFc to be added to the Leq at31.5 Hz cornes fromEq. (20.4) andequals 11.5 dB, 
y1elding the adjusted 31.5-dB band level equal to 73.1 dB. Frorn Eq. (20.7), the 
correction K 125c 1s found to be 1.6 dB, yielding 44.7 dB. The corrected spectrum 
1s shown in the last line of Table 20.9. When the corrected spectrurn 1s plotted in 
Fig. 20.4 or 1s detennmed from Eq. (20.3), it 1s found that the hîghest RNC curve 
touched is RNC-44 (at 31.5 Hz). If there had been no correction, the highest curve 
touched would have been RNC-22. The strong surgmg and turbulence has changed 
the rating from RNC-22 to RNC-44. 
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TABLE20.8 Ten 100-rns Samples frorn a Total of 1000 Samples" 

ith By Octave-Band Mid frequenc1es, Hz LLf; 
Band Three-Band-

Numbers 16 31.5 63 125 250 500 1000 2000 4000 8000 Sum, (dB) 

1 41.3 52.0 32.4 33.8 26.7 21.7 14.2 10.7 7.4 3.4 53.1 
2 63.8 53.8 35.3 35.8 28.5 24.7 17.7 14.1 8.3 4.0 56.3 
3 48.8 46.9 41.9 32.5 24.8 22.2 16.1 10.0 5.7 2.5 56.4 
4 69.6 54.8 39.6 42.3 31.8 28.2 21.l 19.4 12.9 9.3 59.5 
5 67.3 55.7 45.8 46.4 41.0 36.7 29.2 25.2 22.3 17.4 61.9 
6 75.5 52.3 44.6 39.0 32.3 26.8 22.7 19.2 12.7 8.7 63.6 
7 59.7 52.8 50.0 50.3 37.8 33.8 28.5 25.5 19.5 16.8 64.4 
8 61.8 63.0 46.8 47.8 41.4 35.9 27.6 25.2 18.7 16.1 65.l 
9 65.2 65.2 46.6 44.3 39.5 34.1 26.7 23.9 19.1 14.3 66.6 
10 64.8 66.5 44.2 42.7 34.2 30.0 24.0 19.2 15.3 12.4 67.2 

Mean level L LFm of these 10 samples. 61.4 
Standard deviation o-of these 10 samples. 4.8 
Eqmvalent sound level of these 10 samples. 63.4 

aData Represent a Gaussian noise with a superimposed surge unplernented by a sme wave with a 
2-s penod and a 15-dB peak:-to-peak: amplitude. 

Simplified Method: Corrections to Measured Levels in 16-125-Hz 
Octave Bands When There Are Large Random Reflections and Not 
Strong Surging. By th1s method, the same equations are used to detennme the 
corrections to the adjusted 31- and 125-Hz bands, that is, Eqs. (20.4) and (20.7), 
but the quantitles KLF/j and K1258 are calculated from 

10 2 22 2 

( )

2 

KLF8 = 0.115 8 aLF = 0.115(2) aLF = 0.46ŒLF (20.10) 

where aLF is the standard deviation of the LLFi (three-band-sum) series, and 

(10)2 

K125s 0.115 8 
(20.11) 

where o-125 is the standard deviation of the L125; series. 

20.3 ACOUSTICALLY INDUCED VIBRATIONS AND RATTLES 

From experience, primarily on the West Coast of the United States, an assessment 
has been made of the probability of acoustically induced vibration and rattles in 
lightwe1ght wall and ceiling constructions (including light fixtures, windows, and 
some furrushings). Obv1ously, s1gnificant fluctuations or surging must be present 
in the HVAC noise. The region of likely probability where such vibrations in 
lightweight construction can be clearly felt is shown as A in Figs 20.1-20.4. 11 In 
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very well built structures, such as are expected in concert halls and opera houses, 
the sound levels can extend into region A without expectation of feelable surface 
vibrations or audible rattles. In office and school buildings attention should be 
paid to Leq levels that reach 70 dB or more in the 16- and 31.5-Hz octave bands 
because of current trends in HVAC design and installation. 

20.4 CRITERIA FOR NOISE ANNOYANCE IN COMMUNITIES 

The maJor sources of noise m communities are road, rail and arr traffic, industnes, 
construction, and public works. The most common metric used in the United 
States for estirnating the annoyance or disturbance of community noise 1s the A­
weighted day-night sound level (L<1n) [see Eq. (1.25)) with slow meter response. 
The A weightmg discrinlinates against low-frequency sound energy, sirnilar to 
the way that the hearing apparatus judges loudness. The sound energy of each 
noise-producmg event 1s summed separately into the total. All of the energy of 
a noise that nses and falls as a source approaches and departs is summed into 
the total. The sound energy of each event at night is multlplied by 10 before it 
is added into the total. This treatrnent means that a few aircraft fly-bys at mght 
may be as annoying to res1dents as a large number in the dayüme. The European 
Union countries, for the most part, use a day-evening-night level. 

The day-night sound level (Lctn) that 1s agreed on by nearly all agencies, 
boards, and standards-settmg bodies to be the threshold for noise impact in 
urban res1dential areas is Lctn = 55 dBA.15 ln other words, people will begin 
to complain seriously about the n01se if the level is higher. Sorne agenc1es speak 
of this energy-average level as bemg detenruned over a period of 12 months. 
Only the U.S. Federal Aviation Administration (FAA) and the Department of 
Defense (DOD) speak of a Lctn equal to 65 dBA as being the level at which 
noise begins to impact unfavorably on people in residential areas. Sorne stud­
ies indicate that in urban communities JUst under half of the U.S. population 
1s exposed to Lctn levels of 55 dBA or greater. The World Health Orgamzation 
(WHO, 1999) has stated that serious annoyance may occur for a Lctn of approx-
1mately 55 dBA, while moderate annoyance will have a threshold of aboot 50 
dBA It further recommends that the maximum level Lmax at mght should not 
exceed 40 dBA. 

A possible reason for the 65-dBA level used by the FAA and DOD 1s that 
people near airports, on average, have learned to accept higher n01se levels or, if 
not, they have moved away. This also assumes that the atrport's relations with the 
commumties surrounding it are good. Quiet rural communitles seem to demand 
lower (5-10 dBA) noise levels. 

20.5 TYPICAL URBAN NOISE 

A surnmary of A-weighted noise levels measured in U.S. city areas, dayt1me 
and nighttirne, is given in Fig. 20.5. Trucks and buses are principal sources of 
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F'IGURE 20.5 Schematic display of typ1cal A-we1ghted n01se levels by day and by 
mght in different U.S. urban areas.4 N01se around industrial areas 1s frequently caused by 
trucks. 

noise. Parenthetically, the levels in this figure are not L 00 , but rather A-we1ghted 
levels in a residential area that vehicles produce when they travel on the streets 
surrounding that ne1ghborhood. In urban residential areas, the noise is frequently 
the roar of traffic on thoroughfares that :may be up to a kilometer away. Traffic 
n01se is likely to be relatlvely steady and go on all night at a reduced level. If 
thoroughfares exist on two or more s1des of an area, the noise is often nearly 
uniform over the area. 
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21.1 WHERE TO FIND AND HOWTO SELECT U.S. NATIONAL 
AND ISO STANDARDS 

This chapter 1s arranged to prov1de the tttles of North American and interna­
tional (ISO) standards of interest to noise control engineers, according to specific 
nmse control technology categories such as absorption and msulation (isolation). 
Acoustical terminology may be found in ANSI Sl.1-1994 (R1999), Acoustical 
Terminology and ASTM C634, Standard Terminology Relatzng to Env1ronmental 
Acoustzcs. The titles of some standards listed here are truncated to save space. 
Verbal descnptions, if offered, are brief. As with any technology, state-of-the-art 
advances bnng updated versions of rnany of these documents. These standards 
are periodically reviewed and possibly revised by the responsible committees, 
often on a five-year cycle. A few ~~SI standards have become an adopta­
tion of the corresponding ISO document, indicated as "Adoption" or "NAIS" 
(National1y Adopted International Standard). The reader is encouraged to search 
anew for recent revisions of these documents. Be advised that some engineering 
applications may specify past versions, especially as part of a long procurement 
program or arbitrated contract. It is up to the reader to determine, in partici­
pation with interested parties as necessary, which vers10n to use. For the latest 
standards version, often listed according to the standard's nurneral tttle (e.g., 
ANSI S12.19 can be found by searching www.ansi.org for S12.19), see the 
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public Internet web page listing by the prov1ding agenc1es. Sorne of these agency 
pages are: 

www.ANSI.org (A.i'l\J'SI) 
www.an.org (ARI-free downloads) 
www.asastore.aip.org (ANSI + ISO standards available) 
www.ashrae.com (ASHRAE) 
www.asme.org (ASME) 
www.asnn.org (ASTM) 
www .iec.ch (IEC) 
www.1so.ch (ISO) 
www.nssn.org (National Standards Systems Network, all standards available) 
www.sae.org (SAE) 

21.2 SOUND LEVEL MEASUREMENTS 

Instrumentation 

Standards for n01se-measunng instruments, generally measunng sound pressure 
level (SPL) or "sound level," are listed separate from heanng-rneasuring 
instruments (audiometry). Common sound;;,rneasuring instruments include sound­
level meters, calibrators, filters, and microphones. The most common sound 
measurement instruments for n01se control are specified in ANSI S1.4. Such 
an mstrument comprises a pressure sensor such as a condenser microphone, an 
amplifier w1th spec1al wide-band and narrow-band filters, time-averaging circuits, 
a display, and some memory functions. The precision varies as type O (most 
accurate) to type 2 (least accurate). This entire system can be calibrated at any 
time with an appropriate calibrator. The acoustical veloc1ty is rarely measured 
in practice, except for the use of dynamic (velocity) rmcrophones for some 
audio purposes. The "intensity" method combines SPL and acoustical velocity 
measurements at a point to compute the intensity value at that point. Applicable 
standards are as follows: 

ANSI Sl.4-1983 (R2001), Specijication for Sound Level Meters. Conforms 
closely to the IEC standard for sound-level meters, Publication 651, first edition, 
issued in 1979, but improved for measurement of transient sound signals and 
it permits the use of digital displays, rigorous definition of the fast and slow 
exponential time averaging, mcrease in the crest factor requirement to 10 for 
type 1 instruments, specification of a type O laboratory instrument with generally 
smaller tolerance limits than specified for type 1, and deletion of the type 3 survey 
instrument. The corresponding IEC standard (IEC 61672-1:2002 and IEC61672-
2:2003) contains more stringent environmental requirements. In 2003, ANSI Sl.4 
was under revision to better correspond. 

ANSI S1.6-1984 (R2001), Preferred Frequencies, Frequency Levels, and Band 
Numbers for Acoustical Measurements. 
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A.i'l\J'SI S1.8-1989 (R2001), Reference Quantztles for Acousttcal Levels. 
Al~SI S 1.9-1996 (R2001), Instruments for the Measurement of Sound lntensity. 

Requirements for instruments to measure sound mtensity employing the two­
microphone technique. Similar to IEC 1043. 

ANSI Sl.10-1966 (R2001), Methodfor the Calibration of Microphones. 
ANSI Sl.11-1986 (R1998), Specificatton for Octave-Band and Fractional­

Octave-Band Analog and Digital Filters. Performance reqwrements for fractional­
octave-band bandpass filters, in part1cular octave-band and one-third-octave-band 
filters, applicable to passive or active analog filters that operate on continuous­
time signais to analog and digital filters that operate on discrete-time signais 
and to fractional-octave-band analyses synthesized from narrow-band spectral 
components. Four accuracy grades ara allowed: the most accurate for precise 
analog and digital filters. The two least accurate grades meet the requirements of 
Sl.11-1966. Also see IEC 61260:1995. 

ANSI Sl.14-1998, Recommendations for Specifymg and Testmg the Suscep­
tibility of Acoustical Instruments to Radiated Radio-Frequency Electromagnetzc 
Fields, 25 MHz to 1 gHz. 

ANSI S1.15-1997/Part 1 (R2001), Measurement Microphones. Part 1: Speci­
ficatwns for Laboratory Standard Microphones. This is comparable to the mter­
nat10nal standard IEC-1094-1:1992, "Measureroent Microphones-Part 1: Spec­
ifications for Laboratory Standard Microphones." 

ANSI S1.16-2000, Methodfor Measuring the Peiformance of Noise Discrim­
inating and Noise Canceling Microphones. 

ANSI S1.17-2004/Part 1, Measurement and Specificatwns of lnsertton Loss of 
Wind Screens in Still or Slightly Moving Air. Determines the msertion loss of wind 
screens when installed on measuring rmcrophones over a defined frequency range. 

ANSI Sl.40-1984 (R2001), Specijicationfor Acoustical Calibrators. Reqmre­
ments for coupler-type acoustical calibrators, including the SPL in the coupler, 
the frequency of the sound, and the determination of the influence of atmosphenc 
pressure, temperature, hurmdity, and magnetic fields on the pressure level and 
frequency of the sound produced by the calibrator. (Also see IEC 60942:2003.) 

ANSI Sl.42-2001, Design Response of Weighting Networks for Acoustical 
Measurements. 

ANSI S1.43-1997 (R2002), Specificatwns for lntegrating Averaging Sound 
Level Meters. Consistent with the relevant requirements of ANSI S1.4-1983 
(Rl997) but specifies additional characteristics needed to measure the tlme­
average SPL of steady, intermittent, fluctuating, and impulsive sounds. (See also 
IEC 61672-1:2002 and IEC 61672-2:2003.) 

ANSI S 12.3-1985 (R2001), Statistical Methods for Determzning and Verifying 
Stated Noise Emission Values of Machinery and Equipment. Preferred methods for 
determining and verifying n01se emission values for machinery and equ1pment 
which are stated m product literature or labeled by other means. 

SPL Measurement Techniques 
ANSI Sl.13-1995 (R1999), Measurement of Sound Pressure Levels m Aw Pro­
cedures for the measurement of sound levels m air at a single point indoors but 
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may be utilized in outdoor measurements under specified conditions. Includes 
identification of prominent discrete tones. 

ASTM E1014-2000. Measurement of Outdoor A-Weighted Sound Levels. A 
guide for measunng outdoor sound levels over vanous time periods, mtended to 
be used by practitioners in the field as well as by members of the general public 
who have little or no special technical training lil areas relating to acoustics. 

ANSI Sl.25-1991 (R2002), Specificatton for Personal Nmse Dosimeters. 
Makes provis10n for three exchange rates: 3, 4, and 5 dB per'doubling of exposure 
time. Prov1des tolerances for the entire mstruments, parameters, including 
frequency response, exponential averaging employmg slow and fast transient 
time response, threshold, and dynamic range, for SPL measurement m a random­
incidence sound field without the presence of a person wearmg the instrument. 

At"l'SI Sl2.19-1996 (R2001), Measurement of Occupatwnal Noise Exposure. 
Methods that can be used to measure a person's noise exposure received m a 
workplace. Prov1des uniform procedures and repeatable results for the measure­
ment of occupational noise exposure. 

ISO 11204:1995, Noise Emitted by Machinery and Equipment-Measurement 
of Emission Sound Pressure Levels at a Work Station and at Other Specified Posi­
twns---Method Requiring Environmental Corrections. 

lntensity Instruments and Measurement Techniques 

ANSI Sl.9-1996 (R2001), Instruments fQ! the Measurement of Sound Intensity. 
Requrrements for instruments to measure • Îound mtensity employing the two­
microphone technique. Similar to IEC 1043. 

ANSI S 12.12-1992 (R2002), Standard Engineering Method for the Determi­
natwn of Sound Power Levels of No1se Sources Using Sound Intensity. Measures 
the sound power level of n01se sources in indoor or outdoor environments using 
sound intens1ty mstrumentation. 

ISO 9614-1:1993, Determination of Sound Power Levels of Nozse Sources 
Using Sound Intensity. Part 1: Measurement at Discrete Points. Part 2: Measure­
ment by Scanning. 

21.3 SOUND POWER MEASUREMENT TECHNIQUES 

ANSI Sl2.5-1990 (R1997), Requirementsfor the Peiformance and Calibration of 
Reference Sound Sources. Requirements, including free-field laboratory calibra­
tion above a reflecting plane, for reference sound sources used m the substitution 
measurement of sound power. 

ANSI S12.ll-1987 (R1997), Methodfor the Measurement of Noise Emitted by 
Small Air-Moving Devices. Measures sound power em1tted by small air-moving 
devices, reported as the n01se power em1ss10n level in bels. Includes device­
mountmg methods, test environmental conditions, and device operation method 
dunng the tests. 

ISO 10302:1996, Method for the Measurement of A1rborne Noise Emitted by 
Small Azr-Moving Devices. 
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ANSI S 12.15-1992 (R2002), Measurement of Sound Emitted by Portable Elec­
tric Power Tools, Stationary and Fixed Electric Power Tools, and Gardemng 
Appliances. Methods for SPL measurement and the subsequent calculation of 
sound power levels. 

ANSI S 12.23-1989 (R2001 ), Method for the Deszgnation of Sound Power Emit­
ted by Machinery and Equipment. Expressing the noise emission of machinery and 
eqmpment as overall A-weighted sound power on labels or other noise ennssion 
documentation. 

ANSI S 12.30-1990 (R2002), Guide Unes for the Use of Sound Power Standards 
and for the Preparation of Noise Test Codes. Six standards for determming the sound 
power levels of equipment for sound test codes for mach:mes and equipment. 

ANSI S 12.35-1990 (R2001), Preciston Methods for the Determmatton of Sound 
Power Levels of Noise Sources in Anechoic and Hemi-Anechoic Rooms. Deter­
mination of the sound power levels of noise sources in laboratory anechoic or 
heID1-anechoic room, the instrumentation, installat10n, source operation, SPL mea­
surement surface; calculation of sound power level, directivity index, and directivity 
factor. 

ANSI Sl2.44-1997 (R2002), Methods for Calculatwn of Sound Emitted by 
Machinery and Equipment at Workstations and Other Specified Positions from 
Sound Power Level. Determining emission SPLs from the sound power level 
values of machinery and eqmpment at workstatlons and other locations. 

ANSI Sl2.50-2002 National Adopted International Standard (NAIS), Deter­
mination of Sound Power Levels of Noise Sources-Guidelines for the Use of 
Basic Standards. Adoption of ISO 3740:2000. Summaries of ISO 3741-3747 
and selection of one or more standards appropnate to any particular type (Clause 
6 and Annex D). Used in the preparation of noise test codes (see ISO 12001) 
and noise testing where no specific n01se test code exists. 

ANSI S12.51-2002 (including Corrigendum 1: 2001) NAIS standard, Acous­
tics-Determination of Sound Power Levels of Noise Sources Using Sound Pres­
sure-Precision Methodfor Reverberation Rooms. Adoption of ISO 3741:1999, 
a direct method and a comparison method for determining the sound powerlevel 
produced by a source m a standard envrronment. 

A.~SIS12.53/1-1999ISO 3743-1:1994, Determinatzon of Sound Power Levelsof 
Noise Sources-Engineering Methodsfor Small, Movable Sources in Reverberant 
Fields. Part 1: Compartson Methodfor Hard-Walled Test rooms. (Adoption of ISO 
3743-1.J Part 2: Methods of Speczal Reverberatwn Test Rooms. (Adoption of ISO 
3743-2.) 

ANSI Sl2.54-1999 ISO 3744:1994, Determination of Sound Power Levels of 
Noise Sources Using Sound Pressure-Engineering Method man Essentially Free 
Field over a Reflecting Plane. Adoption of ISO 3744, sound power engineenng 
accuracy, measurement by the comparison method in an anechoic envrronment. 

ANSI 812.56-1999 ISO 3746:1995, Determination of Sound Power Levels 
of Noise Sources Using Sound Pressure-Survey Method Using an Envelopmg 
MeasurementSurface overaRefiecting Plane. Adoption ofISO 3746, determmmg 
the sound power level of sound sources In Situ, especially if nonmovable, in 
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octave bands from which the A-weighted sound power level 1s calculated. The 
accuracy will be that of either an engineering method or a survey method. 

ARI 250-2001, Peiformance and Calibration of Reference Sound Sources. 
ARI 280-95, Requirements for the Qualification of Reverberant Rooms m the 

63 Hz Octave Band. 
ASTM E1124-97, Standard Test Method for Field Measurement of Sound 

Power Level by the Two-Suiface Method. An In Situ survey measurement of 
sound power level with sound pressure measurements at two concentric surfaces. 

ISO 3740:2000, Determination of Sound Power Levels of Nozse Sources­
Guidelines for the Use of Basic Standards. 

ISO 3741:1999, Determination of Sound Power Levels of Nozse Sources Using 
Sound Pressure-Precision Methods for Reverberatwn Rooms. 

ISO 3743-1:1994, Determination of Sound Power Levels of Noise 
Sources-Engineering Methods for Small, Movable Sources in Reverberant 
Fields. Part 1: Compartson Method for Hard-Walled Test Rooms. Part 2: Methods 
for Special Reverberation Test Rooms. 

ISO 3744:1994, Determination of Sound Power Levels of Noise Sources Usmg 
Sound Pressure-Engmeerzng Method in an Essentially Free Field over a Refiect­
ing Plane. 

ISO 3745:1977, Determination of Sound Power Levels ofNmse Sources-Pre­
cision Methods for Anechoic and Semi-Anechoic Rooms. 

ISO 3746: 1995, Determination of Sound Power Levels of Noise Sources Using 
Sound Pressure-Survey Method Using àn l!Jnvelopmg Measurement Suif ace ove-r: 
a Reflecting Plane. 

ISO 3747:2000, Determination of Sound Power Levels of Noise Sources Using 
Sound Pressure-Comparison Method In Situ. 

ISO 5135:1997, Determination of Sound Power Levels of Noise from Air­
Terminal Devices, Air-Terminal Units, Dampers and Valves by Measurement in 
a Reverberatwn Room. 

ISO 5136:1990, Determmation of Sound Power Radiated mto a Duct by 
Fans-In-Duct Method. 
~ ISO 6926: 1999, Requirements for the Peiformance and Calibration of Refer­

ence Sound Sources Used for the Determmation of Sound Power Levels. 

21.4 MACHINERY NOISE EMISSION MEASUREMENT TECHNIQLIES 

ANSI S12.l-1983 (R2001), Guzdelines for the Preparation of Standard Proce­
dures to Determme the Noise Emission from Sources. Included are the general 
questions to be asked during development of a measurement procedure. Included 
are prefatory material, measurement conditions, measurement operations, data 
reduction, preparation of a test report, and guidelines for the selection of a 
descnptor for noise ermss10n. 

ANSI Sl2.10-2002 ISO 7779:1999 NAIS standard, Measurement of Azrborne 
Noise Emitted by Information Technology and Telecommumcations Equzpment. 
Adopt10n of ISO 7779: 1999 and its amendment ISO 7779: 1999/FDAM 1. 
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ANSI Sl2.16-1992 (R2002), Guidelines for the Specijication of Noise of New 
Machinery. Methods to calculate workplace nmse SPL from test data produced 
by manufacturers of stationary eqmpment. This references ex.isting ANSI, trade, 
and profess1onal association measurement standards and techniques to be used by 
manufacturers to produce mdiv1dual raw machine sound power or SPL test data. 

ANSI Sl2.43-1997 (R2002), Methods for the Measurement of Sound Emit­
ted by Machznery and Equipmentat Workstations and Other Specified Positions. 
Three methods to measure SPLs: (1) in a free field over a reflectmg plane, 
(2) m normal operating environments, and (3) when operating m therr normal 
environments when less accurate measurements are acceptable. 

ARI 530-95, Method of Measuring Sound and Vibration of Refrigerant Com­
pressors. 

ARI 575-94, Method of Measuring Machinery Sound within an Equipment 
Space. 

ISO 4412-1:1991, Hydraulic Fluid Power-Test Code for Determination of 
Azrborne Noise Levels. Part 1: Pumps. Part 2: Motors. Part 3: Pumps-Method 
Using a Parallelepiped Microphone Array. 

ISO 4871:1996, Declaration and Verification of Noise Emission Values of 
Machinery and Equipment. 

ISO 7574-1:1985, Statu,tical Methods for Determining and Verifymg Stated 
Noise Emission Values Qf Machinery and Equipment. Part 1: General Considera­
tions and Definitions. Part 2: Methods for Stated Values for Indivtdual Machines. 
Part 3: Simple (Transitwn) Method for Stated Values for Batches of Machines. 
Part 4: Methods for Stated Values for Batches of Machines. 

ISO 7779:1999, Measurement of Airborne Noise Emitted by Information Tech­
nology and Telecommunications Equipment. 

ISO 9295:1988, Measurement of High-Frequency Noise Emitted by Computer 
and Business Equtpment. 

ISO 9296:1988, Declared Noise Emission Values of Computer and Business 
Equipment. 

ISO 9611:1996, Characterization of Sources of Structure-Borne Sound wtth 
Respect to Sound Radiationfrom Connected Structures-Measurement ofVeloctty 
at the Contact Points of Machinery When Resiliently Mounted. 

ISO 11200:1995, Noise Emitted by Machmery and Equipment-Guidelines 
for the Use of Basic Standards for the Determtnatlon of Emission Sound Pressure 
Levels at a Work Station and at Other Specified Positions. 

ISO 11201:1995, Noise Emitted by Machinery and Equipment-Measurement 
of Emission Sound Pressure Levels at a Work Station and at Other Specified 
Positions-Engineering Method in an Essentially Free Field over a Refiecting 
Plane. 

ISO 11202:1995, Noise Emitted by Machinery and Equtpment-Measurement 
of Emisswn Sound Pressure Levels at a Work Station and at Other Specified Posi­
twns-Survey Method In Situ. 
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ISO 11203: 1995, Noise Emitted by Machinery and Equipment-Determznation 
of Emission Sound Pressure Levels at a Work Station and at Other Specijied Posi­
tions from the Sound Power Level. 

ISO 10846, Acoustzcs and Vibration-Laboratory Measurement of Vibro­
Acoustic Transfer Properties of Resilient Elements. Part 1-1997: Princip les and 
Guidelines. Part 2-1997: Dynamic Stiffness of Elastzc Supportsfor Translatory 
Motion-Direct Method. Part 3-2002: Indirect Methodfor Determinatzon of the 
Dynamic Stiffness of Resilient Supports for Translatory Motion. • 

ISO 11690-1, Recommended Practice for the Design of Low-Noise Workplaces 
Contaimng Machinery. Part 1: Noise Control Strategtes. Part 2: Noise Control 
Measures. Part 3: Sound Propagation and Noise Prediction in Workrooms. 

21.5 IMPACT OF NOISE IN WORKPLACE 

Two qualities of workplace noise are of concernas they affect damage to heanng and 
speech cornrnumcation. Environmental noise includes vibration and mfrasound. 
Heartng conservation measurements are of two forms: measurement of hearing 
acuity and measurement of noise levels in work and recreational environments. 

Hearing Testing (Audiometry) Equipment and Procedures -. . 
ANSI S3.l-1999, Maximum Permzssible Ambient Noise Levels for Audiometric 
Test Rooms. Speci:fies maxrmum permissible ambient noise levels (MPANLs) 
allowed m an audiometric test room. 

ANSI S3.6-1996, Specification for Audiometers. The audiometers covered in 
tlns specification are devices designed for use in detenmmng the hearmg threshold 
of an individual in compartson with a chosen standard reference threshold level. 

Al'ISI S3.21-1978 (R1997), Methodsfor Manual Pure-Tone ThresholdAudiom­
etry. Outline$ .. Jhe procedure for pure-tone threshold audiometry used in the 
assessment of an individual's threshold of heartng for pure tones. 

ISO 226:1987, Normal Equal-Loudness Level Contours. Data in this standard 
formed the basis for the dBA and dBC curves used in noise measurement. 

ISO 389, 1964 Acoustics, Standard Reference Zero for the Calibration of Pure­
Tone Audiometers. Part 1: Reference Equivalent Sound Pressure Levels for Pure 
Tones and Supra-Aural Earphones. Part 2: Reference Equivalent Threshold Sound 
Pressure Levels for Pure Tones and Insert Earphones. These data are also shown 
in ANSI S3.6-1996. 

ISO 6189:1983, Pure Tone Air Conduction Threshold Audiometry for Hearing 
Conservation Pu,poses. Outlines the procedure for testing heartng thresholds as 
well as describes the Gondittons of the testing. Part of this standard 1s similar to 
mformation found in Ai"\TSI S3.21-1978 (R1997). 

ISO 7029:2000, Statistical Distribution of Heartng Thresholds as a Functwn 
of Age. Gives expected threshold values for men and women w1thout a history 
of noise exposure. Data are utilized m ISO 1999 and ANSI S3.44-1996. 
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ISO 8253-1:1989, Audiometric Test Methods-Part 1: Basic Pure Tone Air 
and Bone Conduction Threshold Audiometry. Part 2: Sound Field Audiometry 
with Pure Tone and Narrow-Band Test Signals. Part 3: Speech Audiometry. 

ISO 11904-1:2002, Determinatwn of Sound Immzssion from Sound Sources 
Placed Close to the Ear. Part 1: Technique Usmg a Microphone in a Real Ear 
(MIRE Technique). Sorne of the data in tlns standard are similar to that m ANSI 
S12. 42-1995 (R1999). 

IEC 60645-1 Ed 2.0 b: 2001, Electroacousttcs-Audiological Equtpment. 
Part I: Pure-Tone Audiometers. Has material also found m ANS! S3.6-1996. 

Hearing Conservation Programs 

Ai~SI S3.44-1996 (R2001), Determination of Occupational Noise Exposure and 
Estimation ofNoise-Induced Hearing Impamnent. Adoption ofISO 1999:1990(E) 
of the same n~me; however, S3.44 allows assessment of noise exposure using 
a tlme-intensity trading relation other than a 3-dB increase per halving of 
exposure time. 

ANSI Sl2.6-1997 (R2002), Methods for Measuring the Real-Ear Attenua­
tion of Hearing Protectors. Specifies laboratory-based procedures for measuring, 
analyzing, and reporting the noise-reducing capabilities of conventional passive 
heartng protection devices. 

A.NSI Technical Report S 12.13 TR-2002, Evaluating the Effectiveness of H ear­
mg Conservation Programs through Audiometric Data Base Analysis. Describes 
methods for evaluatmg the effecttveness of heartng conservation programs m 
preventtng occupational noise-induced hearmg loss by using techniques for audio­
metric database analysis. 

ANSI Sl2.42-1995 (R1999), Microphone-in-Real-Ear and Acousttc Test Fix­
ture Methods for the Measurement of Insertion Loss of Circumaural Hearing 
Protection Devices. Describes the ffilcrophone-in-real-ear and the acoustical test 
fixture methods for the measurement of the msertion loss of circumaural earmuffs, 
helmets, and commumcations headsets. 

ISO 1999:1999, Acousücs-Determtnation of Occupational Noise Exposure 
and Estimation of Noise-Induced Hearing Impairment. Similar to ANSI S3.44-
1996 except that ISO 1999'is more restrictive. 

ISO 4869-1:1990, Hearing Protectors-Part 1: Subjective Method for the 
Measurement of Sound Attenuation. Part 2: Estimation of Effective A-Weighted 
Sound Pressure Levels When Heartng Protectors Are Worn. Part 3: Simplified 
Method for the Measurement of Insertion Loss of Ear-Muff Type Protectors for 
Quality Inspection Purposes. Part 4: Measurement of Effective Sound Pressure 
Levels for Level-Dependent Sound-Restoratzon Ear-Muffs. 

ISO 7029:2000, Statistical Distribution of Hearing Thresholds as a Functton 
of Age. 

ISO 9612:1997, Guidelines for the Measurement and Assessment of Exposure 
to Noise m a Working Environment. 
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Speech Communication Metrics 

ANSI S3.2-1989 (Rl999), Methodfor Measunng the Intelligibility of Speech over 
Communication Systems. A revision of ANSI S3.2-1960 (R1982). Provides three 
alternative sets of lists of English words to be spoken by trained talkers over the 
speech communication system to be evaluated. 

ANSI S3.4-1980 (R1997), Procedure for the Computation of Loudness of Noise. 
Specifies a procedure for calculating the loudness of certain classes of noise. 

ANSI S3.5-1997 (R2002), Methods of the Calculation of the Speech Intelligi­
bility Index (SII). Computation of the SIi based on the intelligibility of speech as 
evaluated by speech perception tests given a group of talkers and listeners. 

ASTM 1130-2002, Objective Measurement of Speech Privacy in Open Offices 
Using Articulation Index (AI). Computation of the Articulation Index (Al) from 
standard speech levels, ambient noise, and articulation weighting factors. 

ANSI S3.14-1977 (R1997), Rating Noise with Respect to Speech Interference. 
Defines a simple numerical rnethod forrating the expected speech-mterfering aspect 
(Speechlnterference Level, SIL) ofnoise using acoustical measurements of the noise. 

ISOtrR 3352, 1974, Acoustics-Assessment of Nozse with Respect to Its Effect 
on the Intelligibility of Speech. Tins technical report has never been approved as 
a standard in part because of the concem over whether the unpact of noise is 
s1milar for each language. 

ISOfTR 4870:1991, The Construction and Calibration of Speech Intelligibil-
tty Tests. -- ·/) 

Environmental Noise SPL Measurement Methods 

Environmental noise SPL measurements are typ1cally made outdoors to mirror 
most regulations. Sound measurement locations are often near bouses or in empty 
fields and near transportation and mdustrial noise sources. In addition to meeting 
all the requirements of At'l'SI Sl.4, this acousticàl equipment and its application 
must be tolerant of wind, .r:ain, birds, insects, and mechanical abuse. Primary 
noise sources include transportation (arrcraft, road traffic, trains, etc.), industrial 
facilit1es, ne1ghborhood nmse (pets, heating, ventilation, and air conditioning), 
recreational noise (shootmg ranges, races, and music venues). 

ANSI S12.18-1994 (R1999), Procedures for Outdoor Measurement of Sound 
Pressure Level. Procedures for the rneasurernent of SPLs outdoors, consider­
ing ground effects and refraction due to wmd and temperature gradients and 
to turbulence. Measurement of SPLs produced by specific sources outdoors. 
Method 1: general method, outlines conditions for routine measurements. Method 
2: precision rnethod, describes strict conditions for more accurate measurements, 
providing short-term A-weighted SPL or time-averaged SPL, A-we1ghted or in 
octave- or in one-third-octave or narrow-band SPL, but does not preclude deter­
mmation of other sound descriptors. 

ASTM E1014-84(2000), Standard Guide for Measurement of Outdoor A­
Weighted Sound Levels. Basic technique for performmg a reliable A-we1ghted 
sound-level measurement outdoors. 
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ASTM E1503-97, Standard Test Methodfor Conducttng Outdoor Sound Mea­
surements Uszng a Digital Statistical Analysis System. Covers the measurement 
of outdoor sound levels at specific locations using a digital statistical analyzer 
and a formal measurement plan. 

ISO 7196: 1995, Frequency-Weighting Characteristic for Infrasound Measure­
ments. 

ISO 10843:1997, Methods for the Descriptton and Physical Measurement of 
Single Impulses or Sertes of Impulses. 

Environmental Noise Measurement Applications 

ANSI S12.7-1986 (Rl998),MethodsforMeasurementoflmpulse Noise. Measures 
impulse noise from discrete events, such as quarry and mining explosions or sonic 
booms, or from multiple-event sources such as pile drivers, rivetmg, or machine­
gun firing. Data may be reported as time variation of the sound pressure, with or 
without frequency weighting, and sound exposure level. 

ANSI S12.8-1998 (R2003), Methods for Determining the Insertion Lass of 
Outdoor Noise Barriers. Detemnne the insertion loss of outdoor noise barriers, 
mcluding direct before and after measurements, indirect before measurements 
at an "equivalent" site, and indirect predictions of "before" sound levels. Indi­
rect before measurements and indirect before prediction methods require direct 
measurements of "after" .sound levels. May use sound sources naturally present 
at a controlled natural sound sources, or controlled artificial sound sources. 
Receiver location and atrnosphenc, ground, and terram conditions may be chosen. 
Worksheets are prov1ded 

ANSI S12.9-1988 (R2003), Quantities and Procedures for Description and 
M easurement of Environmental Sound. Part 1: Baszc Quantifies for Description of 
Sound in Community Envtronments and General Procedures for Measurement of 
These Quantifies. Part 2: Measurement of Long-Term, Wide Area Sound. Part 3: 
Short-Term Measurements wtth an Observer Present. Part 4: Noise Assessment 
and Prediction of Long-Term Community Response. Part 5: Sound Descnptors 
for Determination of Compatible Land Use. Part 6: Methods for Estimation of 
Awakenings Associated with Aircraft Noise Events Heard in Homes. 

ANSI/ASME PTC 36-1985 (R1998), Measurement of Industrial Sound. Pro­
cedures for measunng and reporting airbome sound emissions from mechanical 
equipment. 

ARI 260-2001, Sound Rating of Ducted Air Moving and Conditwning Equip­
ment. 

ARI 270-95, Sound Rattng of Outdoor Unitary Equipment. 
ARI 275-97, Application of Sound Rating Levels of Outdoor Unitary Equip­

ment. 
ARI 300-2000, Sound Rating and Sound Transmission Lass of Packaged Ter­

minal Equipment. 
ARI 350-2000, Sound Rating of Non-Ducted Indoor Air-Conditioning Equzp­

ment. 
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ARI 370-2001, Sound Rating of Large Outdoor Refrigerating and Air­
Conditioning Equtpment. 

ISO 1996, Description and Measurement of Environmental Noise. Part 1-2003: 
Basic Quantzties and Assessment Procedures. Part 2-1987: Acquisition of Data 
Pertinent to Land Use. Part 3-1987: Application to Noise Limits. 

ISO 3891:1978, Procedurefor Describtng Aircraft Noise Heard on the Ground. 
ISO 8297:1994, Determinatton of Sound Power Levels of Multzsource Indus­

trial Plants for Evaluation of Sound Pressure Levels in the Envzronment-Eftgi­
neering Method. 

ISO 10847:1997, In-Situ Determination of Insertion Loss of Outdoor Nmse 
Bamers of All Types. See also ANSI Sl2.8. 

ISOtrS 13474:2003, Impulse Sound Propagation for Environmental Noise 
Assessment. 

SAE 11075 (revised June 2000), Suiface Vehicle Standard (R) Sound Mea­
surement-Constructwn Site. Procedures and mstrumentation to be used for 
determimng a representative sound level dunng a representatlve time period at 
selected measurement locations on a construction site boundary. 

Environmental Sound Propagation Outdoors 

ANSI Sl.18-1999, Template Methodfor Ground Impedance. Procedures for 
obtaining the real and imagmary parts of the specific acoustlcal unpedance of 
natural ground surface outdoors. 

ANSI S 1.26-1995 (R1999), Method for Calculation of the Absorption of Sound 
by the Atmosphere. Still-atmosphere absorption losses of sound for a w1de range 
of meteorolog1cal condfüons. 

ANSI Sl2.17-1996 (R2001), Impulse Sound Propagation for Environmental 
Noise Assessment Response. Engineering methods to calculate the propagation 
and attenuation of high-energy impulsive sounds through tpe atmosphere. It 
estimates the mean C-weighted sound expqsure level of impulsive sound at dis­
tances ranging from 1 to 30 km, applicablë for explosive masses between 50 and 
1000 kg. 

ISO 9613, Attenuatwn of Sound during Propagation Outdoors. Part 1-
1993: Calculation of the Absorption of Sound by the Atmosphere. Attenuation 
of Sound During Propagation Outdoors. Part 2-1996: General Method of 
Calculation. Propagat10n attenuation, including bamer attenuation calculations, 
excess attenuat10n by hard and soft ground surfaces, and attenuation of sound by 
rows of buildings and by trees and shrubs. 

ISO/TS 13474:2003, Impulse Sound Propagation for Environmental Noise 
Assessment. 

Environmental Vibrations 

ANSI S3.18-2002, NAIS Standard Mechanical Vibration and Shock-Evaluation 
of Human Exposure to Whole-Body Vibration. Part 1: General Requirements. Part 
of ISO 2631 defirung methods for the measurement of periodic, random, and 
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trans1ent whole-body vibration. It indicates the pnncipal factors that combme to 
determine the degree to which a vibration exposure will be acceptable. 

Ai"!SI S3.29-1983 (R2001), Guide to the Evaluation of Human Exposure to 
Vibration in Buildings. Reactions of humans to vibrations of 1-80 Hz inside 
buildings are assessed as degrees of perception and associated vibration levels 
and duration. 

ANSI S3.34-1986 (R1997), Guide for the Measurement and Evaluation of 
Human Exposure to Vibratzon Transmitted to the Hand. The recommended method 
for the measurement, data analysis, and reportmg of human exposure to hand­
transmitted vibrat10n. 

ANSI S3.40-2002, NAIS Standard Mechamcal Vibration and Shock-Hand­
Arm Vibration-Method for the Measurement and Evaluation of the Vibration 
Transmissibility of Gloves at the Palm of the Hand. Adoption of ISO 10819: 1996. 
A method for the laboratory measurement, data analysis, and reportmg of the 
vibration transmissibility of gloves of vibrat10ns from a handle to the palm of 
the hand in the frequency range 31.5-1250 Hz. 

ISO 2631, Mechanical Vibration and Shock-Evaluation of Human Exposure 
to Whole-Body Vibration. Part 1-1997: GeneralRequtrements. Part 2-1989: Con­
tinuous and Shock-Induced Vibrations in Buildings ( 1 to 80 Hz). Part4-2001: 
Guidelines for The evaluation of t!Je Effects of Vibration and Rotational Motion 
on Passenger and Crew Comfort m Transport Systems. 

ISO 2671:1982, Envzronmental Tests for Aircraft Equzpment-Part 3.4: Acous­
tic Vibration. 

ISO 4866: 1990, Mechanical Vibration and Shock-Vibration of Buildings­
Gutdelines for the Measurement of Vibrations and Evaluation of Thetr Effects on 
Building. 

ISO 4867: 1984, Code for the Measurement and Reporting of Shzpboard Vibra­
tion Data. 

ISO 5007:2003, Agricultural Wheeled Tractors-Operator's Seat-Labora­
tory Measurement of Transmitted Vibration. 

ISO 5008:2002, Agrzcultural Wheeled Tractors and Field Machinery-Mea­
surement of Who le-Body Vibration of the Operator. 

ISO 5347-3:1993, Calibration of Vibration and Shock Pick-ups. Part 3: Sec­
ondary Vibration Calibratwn. Part 4: Secondary Shock Calibration. Part 5: Cali­
bratwn by Earth's Gravitation. Part 6: Prtmary Vibration Calibration at low Fre­
quencies. Part 7: Primary Calibration by Centrifuge. Part 8: Primary Calibration 
by Dual Centrifuge. Part 10: Pnmary Calibration by HighlmpactShocks. Part 11: 
Testmg of Transverse Vibration Sensitivity. Part 12: Testmg of Transverse Shock 
Se11;sitivity. Part 13: Testtng of Base Stram Sensitivity. Part 14: Resonance Fre­
quency Jesting of UndampedAccelerometers on a Steel Block. Part 15: Testing of 
Acoustzc Sensitivity. Part 16: Testing of Mountzng Torque Sensitivzty. Part 17: Test­
ing of Fixed Temperature Sensitivity. Part 18: Testing of Transient Temperature 
Sensztivzty. Part 19: Testing of Magnette Field Sensztivity. Part 22: Accelerometer 
Resonance Testmg-General Methods. 

ISO 5348:1998, Mechanical Mounting of Accelerometers. 



924 ACOUSTICAL STANDARDS FOR NOISE AND VIBRATION CONTROL 

ISO 5349-1 :2001, Mechanical Vibration-Guzdelines for the Measurement and 
the Assessment of Human Exposure to Hand-Transmztted Vibration. Parts of tins 
standard are similar to ANSI S3.34-1986 (Rl997). Part 2: Practzcal Guidance 
for Measurement at the Workplace. 

ISO 5805:1997, Mechamcal Vibration and Shock-Human Exposure-Voca­
bulary. 

ISO 8041:1990, Human Response to Vibration-Measuring Instrumentation. 
ISO 13091-1:2001, Mechantcal Vibration-Vibrotactile Perception ThreshÔlds 

for the Assessment of Nerve Dysfunctton. Part 1: Methods of Measurements at the 
Fingertips. 

ISO 8042:1988, Characteristics to be Specifiedfor Seismic Pick-Ups. 
ISO 9022-10: 1998, Optics and Optical Instruments-Environmental Test Meth­

ods. Part 10: Combined Sinusoidal Vibratzon and Dry Heat or Cold. Part 15: 
Combined Digital/y Controlled Broad-Band Random Vibration and Dry Heat 
or Cold. 

21.6 VEHICLE EXTERIOR AND INTERIOR NOISE 

There are many SAE and ISO standards dealing with the source of noise emis­
sions of various motor vehicles, including road vehicle (automobiles, trucks, 
buses, and motorcycles), trains, boats, arrcraft, construction eqmpment (e.g., 
dozer), agricultural equipment (e.g., tractqr), and small-engine equipment (e.g., 
lawn edger). Full listings of these standards are mamtained at the SAE and 
ISO websites. The followmg is a sampling of these standards. Qmte a few ar~ 
identically SAE and ISO standards. 

Vehicle Noise - lnterior Noise Measurement Techniques 

ISO 2923:1996, Measurement of Noise on Board Vessels. 
ISO 3095:1975, Measurement of Noise Emttted by Railbound Vehicles. 
ISO 3381: 1976, Measurement of Noise lnside Railbound Vehicles. 
ISO 5128: 1980, Measurement of Noise lnszde Motor Vehicles. 
ISO 5129:2001, Measurement of Sound Pressure Levels in the Interior of Air­

craft During Flight. 
ISO 5130:1982, Measurement of Noise Emitted by Statwnary Road 

Vehicles-Survey Method. 
ISO 5131:1996, Tractors and Machinery for Agriculture and Forestry-Mea­

surement of Nmse at the Operator's Position-Survey method. 
ISO 7188:1994, Measurement ofNmse Emitted by Passenger Cars under Con­

ditions Representatzve of Urban Drzving. 
ISO 11819-1: 1997, Measurement of the Influence of Road Suif aces on Traffic 

Noise. Part 1: Statistical Pass-By Method. 

Road Surface Sound Absorption 

See ISO 13472 below under Sound Absorption. 

VEHICLE EXTERIOR AND INTERIOR NOISE 

Vehicle Noise - Exterior Noise Measurement (Noise Emission) 
Techniques 
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SAE J366, Exterior Sound Level for Heavy Trucks and Buses (APR 2001). Test 
procedure, envrronment, and instrumentation for determining the maximum exte­
rior sound level for highway motor trucks, tru~k tractors, and buses. 

ISO 3095: 1975, Measurement of Noise Emitted by Railbound Vehicles. Obtain­
mg reproducible and comparable measurement results of levels and spectra of 
noise emitted by all kinds of vehicles operating on rails or other types of fixed 
track except for track maintenance vehicles m operation. 

SAE J34 (June 2001), Exterior Sound Level Measurement Procedure for Plea­
sure Motorboats. Procedure for measunng the maximum extenor sound level of 
pleasure motorboats while being operated under wtde open-throttle conditions. 

ISO 362:1998, Measurement of Noise Emitted by Accelerating Road Vehi­
cles-Engmeering Method. (Available in English only.) 

SAE 116395 (ISO 6395) (February 2003), Measurement of Extenor Noise 
Emttted by Earth-Movtng Machmery-Dynamic Test Conditions. Detenmmng the 
noise emitted to the envrronment by earth-moving machinery m terrns of the 
A-weighted sound power level while the machine is working under dynarmc test 
conditions. 

SAE 117216 (ISO 7216) (February 2003), Agricultural and Forestry Wheeled 
Tractors and SelfsPropelled Machines-Measurement of Noise Emitted When in 
Motion. Measuring the A-weighted SPL in an extensive open space of the noise 
enutted by agncultural and forestry wheeled tractors and self-propelled machines 
fitted w1th elastic tires while the vehicle is in motion. lt 1s not applicable to 
special forestry machmery, for example, forwarders, skidders, etc., as defined in 
ISO 6814. 

ISO 4872:1978, Measurement of Airbome Noise Emltted by Constructwn 
Equtpment Intendedfor Outdoor Use. Method for determining compliance with 
noise limits 

ISO 6393:1998, Measurement of Exterwr Noise Emttted by Earth-Moving 
Machinery-Stationary Test Conditions. (Available in English only.) 

ISO 6394:1998, Measurement at the Operator's Position of Noise Emttted 
by Earth-Moving Machinery-Stationary Test Conditions. (Available in English 
only.) 

ISO 6395:1988, Measurement of Exterior Noise Emitted by Earth-Moving 
Machmery-Dynamic Test Conditwns. 

ISO 6396:1992, Measurement at the Operator's Position of Noise Emitted by 
Earth-Moving Maçhinery-Dynamic Test Conditions. 

ISO 6798:1995, Reciprocating lntemal Combustion Engines-Measurement 
of Emitted Azrbome Noise-Engineering Method and Survey Method. 

ISO 7216: 1992, Agricultural and F orestry Wheeled Tractors and Self-Propelled 
Machznes-Measurement of Noise Emttted When in Motion. 

ISO 7182:1984, Measurement at the Operator's Position of Airborne Noise 
Emttted by Chain Saws. 
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ISO 9645:1990, Measurement of Noise Emitted by Two-Wheeled Mopeds in 
Motion-Engineering Method. 

ISO 11094: 1991, Test Code for the Measurement of Atrbome Noise Emitted by 
Power Lawn Mowers, Lawn Tractors, Lawn and Garden Tractors, Professional 
Mowers, and Lawn and Garden Tractors with Mowmg Attachments. 

21.7 ARCHITECTURAL NOISE CONTROL IN BUILDINGS 

There are three categones of sound control standards for buildings. The first is 
for testing materials that limit sound transmiss10n from one room to another. The 
second is to test the sound absorption capability of materials. The third tests the 
general capabilit1es of rooms to cope with sounds withm lt for favorable ( offices. 
classrooms, and auditoria) and unfavorable or noisy situations. 

Sound Transmission 

ASTM E90-02, Standard Test Method for Laboratory Measurement of Airbome 
Sound Transmission Loss of Building Partitions and Elements. Laboratory mea­
surement of airborne sound transffilssion loss of building partitions such as walls 
of all kinds, operable parutions, floor-ceiling assemblies, doors, windows, roofs, 
panels, and other space-dividing elements.. . q 

ASTM E336-97, Standard Test Methodfor Measurement of Airbome Sound 
Insulation in Buildings. Detennining the sound insulation m the field between 
two rooms in a building. The evaluation may be made including all paths by • 
which sound is transmitted or attention may be focused only on the dividing 
partition. The wç,rd "partition" in th1s test method includes all types of wall&;' 
floors, or any other boundanes separating two spaces. The boundaries may be 
permanent, operable, or movable. 

ASTM E413-87 (1999), Classification for Rattng Sound Insulation. The meth­
od of calculatmg, from laboratory or field sound insulation measurements at 
frequenc1es from 125 to 4000 Hz the smgle-number acoustical rating called sound 
transmission class (STC) or field sound transID1ss10n class (FSTC) and the single­
number ratmg between two spaces called the n01se isolation class (NIC). 

ASTM E497, Practice for Installing Sound-Isolating Ltghtweight Partitions. 
Preferred design methods for constructing high-noise-msulation walls and 
floor/ceilings. 

ASTM E557, Practice for Architectural Application and Installation of Ope r­
ab le Partitions. Preferred design and installation rnethods for constructing high­
noise-rnsulation operable partitions in the field. 

ASTM E596-96 (2002), Standard Test Method for Laboratory Measurement 
of Noise Reduction of Sound-Isolating Enclosures. The reverberation room mea­
surement of the n01se reduction of sound-isolating enclosures. 

ASTM E597, Practice for Detennining a Single-Number Ratmg of Airborne 
Sound Isolation for Use in Multi-Unit Building Specifications. A short test method 

Il 

ARCHITECTURAL NOISE CONTROL IN BUILDINGS 927 

for field use where a sound source of a standard spectrum is used to test the n01se 
insulation between two existing rooms in a building. Broadband A-we1ghted 
sound levels are measured. Computation provides a single number sound insula­
tion value analogous to FSTC. 

ASTM E966-02, Standard Guide for Field Measurements of Atrbome Sound 
Insulatzon of Building F acades and F acade Elements. Procedures for measuring 
the sound insulation of an mstalled building facade or facade element (window, 
door). These values may be used separately to predict interior levels or combined 
mto a single number such as by classification E 413 (STC w1th precautions) 
or classification E 1332 (outside-mside transmission class, OITC) for sound 
insulation against transportation noises. 

ASTM E492-90 (1996), Standard Test Methodfor Laboratory Measurement of 
Impact Sound Transmission through Floor-Ceiling Assemblies Usmg the Tapping 
Machine. Measurement of lllpact sound levels (e.g., footfalls) produced by the 
ISO tapping machine. Results are used to determine the impact isolation class 
(IIC) by E989. 

ASTM E989-89 (1999), Standard Classification for Determination of1mpact 
Insulation Class (IIC). A single:.number rating of data from ASTM E492 and 
E1007 for comparing floor-ceiling assemblies for general building design pur­
poses. The rating 1s called an impact msulation class (IIC). 

ASTM E1007-97, Standard Test Method for Field Measurement of Tappmg 
Machine Impact Sound Transmissiqn through Floor-Ceiling Assemblies and Asso­
czated SupporfStructures. A field measurement analogous to E492. 

ASTM El 123-86 (1998), Standard Practices for Mountmg Test Specimens for 
Sound Transmission Loss Testing of Naval and Marine Ship Bulkhead Treatment 
Materials. Describes test specimen mountings for test method E90, to be used 
for naval and marine ship bulkhead noise msulat1on measurement. 

ASTM El222-90 (2002), Standard Test Method for Laboratory Measurement 
of the Insertion Loss of Pipe Lagging Systems. Covers the measurement of the 
insertion loss of pipe lagging systems under laboratory conditions. 

ASTM El289-97, Standard Specification for Reference Specimen for Sound 
Transmission Loss. Construction and installation of a standard reference specimen 
for interlaboratory sound transmiss10n loss measurement evaluation using test 
method E90. 

ASTM El332-90 (1998), Standard Classification for Determination of 
Outdoor-Indoor Transmission Class. A smgle-number ratmg for extenor doors, 
w1ndows, and walls for their noise insulation against ground and air transportation 
n01se, including aircraft roadway vehicles and trams. 

ASTM E1408-91 (2000), Standard Test Methodfor Laboratory Measurement 
of the Sound Transmission Loss of Door Panels and Door Systems. Laboratory 
measurement of the sound transmiss10n loss for door panels and door systems. It 
includes specimen-mounting instructions and the force required to close, latch, 
unlatch, and open a door. 

ASTM El414-00, Standard Test Method for Airborne Sound Attenuation bet­
ween Rooms Sharing a Common Ceiling Plenum. Uses a special laboratory space 
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to simulate a pair of adjacent offices or rooms separated by a partition and shartng 
a common plenum space (a common econorrncal construction method used for 
walls between offices and classrooms). The only significant laboratory sound 
transmission path is by way of the ceiling structure and the plenum space. 

ISO 140-1:1997, Measurement of Sound Insulation in Buildings and of Build­
ing Elements. Part 1: Requtrements for Laboratory Test Facilities with Suppressed 
Flanktng Transmission. Part 2: Determinatwn, Verification and Application of 
Precision Data. Part 3: Laboratory Measurements of Azrbome Sound Insulatton 
of Building Elements. Part 4: Field Measurements of Azrborne Sound lnsulatwn 
between Rooms. Part 5: Field Measurements of Airborne Sound Insulatton of 
Façade Elements and Façades. Part 6: Laboratory Measurements of Impact Sound 
lnsulation of Floors. Part 7: Field Measurements of Impact Sound Insulatton of 
Floors. Part 8: Laboratory Measurements of the Reduction ofTransmitted Impact 
Noise by Floor Coverings on a Heavyweight Standard Floor. Part 9: Labora­
tory Measurement of Room-to-Room Airborne Sound Insulation of a Suspended 
Ceiling with a Plenum Above It. Part 10: Laboratory Measurement of Atrbome 
Sound Insulation of Small Building Elements. Part 12: Labora:tory Measurement 
of Room-to-Room Airbome and Impact Sound Insulation of an Access Floor. 
Part 13: Guidelines. (Available in English only.) 

ISO 717-1: 1996, Rating of Sound Insulation in Buildings and of Building Ele­
ments. Part 1: Airborne Sound Insulatton. Part 2: Impact Sound Insulation. 

ISO 9052-1:1989, Determination of Pynamic Stiffness. Part 1: Materials Used 
under Floating Floors in dwellings. "I • 

ISO 3822, Laboratory Tests on Noise Emission from Appliances and Equip­
ment Used in Water Supply Installations. Part 1-1999: Method of Measurement. 
Part 2-1995: Mountzng and Operatzng Conditions for Draw-O.ff Tap_s and Mix­
ing Valves. Part 3-1997: Mounting and Operatmg Conditions for In-Lme Valves 
and Appliances. Part 4-1997: Mounting and Operating Conditions for Special 
Appliances. 

ISO 11546-1:1995, Determination of Sound Insulation Performances of Enclo­
sures. Part 1: Measurements under Laboratory Conditions (for Declaration Pur­
poses). Part 2: Measurements In Situ (for Acceptance and Verification Purposes). 

ISO 11957:1996, Determination of Sound Insulation Performance of Cab­
ins-Laboratory and In Situ Measurements. 

ISO 15186-1 :2000, Measurement of Sound Insulation in Buildings and of Build- • 
ing Elements Using Sound Intensity. Part 1: Laboratory Measurements. 

Sound Absorption 

ASTM C384-98, Standard Test Methodfor Impedance and Absorption of Acous­
tical Materials by the Impedance Tube Method. The use of an impedance tube 
(standing-wave apparatus) for the measurement of impedance ratios and the 
normal-incidence sound absorption coefficients of acoustical materials. 

ASTM C423-02, Standard Test Method for Sound Absorption and Sound 
Absorption Coefficients by the Reverberatton Room Method. Measures the 
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random-mc1dence sound absorption coefficients of material test specrmens, 
mounted according to ASTM E795, in a reverberation room by measuring sound 
decay rate. 

ASTM E477, Test Method for Measurmg Acoustical and Atrflow Performance 
of Duct Liner Materials and Prefabricated Silencers. Laboratory measurement 
method for the sound insertion loss provided by duct sound attenuators. 

ISO 7235:1991, Measurement Procedures for Ducted Silencers-Insertton 
Loss, Flow Noise and Total Pressure Loss. 

ISO 11691:1995, Measurement of Insertion Loss of Ducted Silencers without 
Flow-Laboratory Survey Method. 

ISO 11820:1996, Measurements on Silencers In Situ. 
ISO 11821:1997, Measurement of the In Situ Sound Attenuation of a Remov­

able Screen. 
ASTM C522-87(1997), Standard Test Methodfor Airflow Resistance of Acous­

tical Mate rials. The measurement of airflow res1stance, specific airflow resistance, 
and airflow res1stivity of porous materials. Materials may be thick boards or 
blankets to thin mats, fabrics, papers, and screens. 

ISO 9053: 1991, Materials for Acoustical Applications-Determmation of Atr­
flow Resistance. 

ASTM E756-98, Standard Test Method for Measuring Vibration-Dampmg 
Properties of,Materials. Measures the vibration-damping properties-loss factor 
î), Young's modulus E, and shear modulus G-of materials over a frequency 
range of 50 Hz to 5 kHz and over the useful temperature range of the material. 
Tlus method tests materials that have application m structural vibration, building 
acoustics, and the control of audible noise. Test materials include metal, enamel, 
ceramics, rubber, plastic, remforced epoxy matrix, and wood that can be formed 
to the test specimen bar configuration. 

ASTM E795-00, Standard Practices for Mountmg Test Specimens during 
Sound Absorption Tests. Standard specimen mountings for tests performed in 
accordance w1th C423. 

ASTM E1042, Classification for Acoustically Absorptive Materials Applied by 
Trowel or Spray. 

ASTM E1050-98, Standard Test Method for Impedance and Absorption of 
Acoustlcal Materials Using a Tube, Two Microphones, and a Digital Frequency 
Analysis System. The two-microphone impedance tube method, including a digital 
frequency analysis system, to measure the normal-incidence sound absorption 
coefficients and normal specific acoustical impedance ratios of matenals. 

ISO 354. 2003, Acoustics-Measurement of Sound Absmption m a Reverber­
ation Room. Similar tD ASTM C423. 

ISO 10534-1:1996, Determination of Sound Absorption Coefficient and Impe­
dance in Impedance Tubes. Part 1: Method Ustng Standing Wave Ratio. Sirnilar 
toASTM C384. 

ISO 11654:1997, Sound Absorbers for Use in Buildings-Ratzng of Sound 
Absorption. 
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ISO 10844:1994, Specificatwn of Test Tracks for the Purpose of Measuring 
Noise Emitted by Road Vehicles. 

ISO 13472-1 :2002, Measurement of Sound Absorption Properties of Road Sur­
faces In Situ. Part 1: Extended Surface Method. A vertical irnpedance tube test 
method for measunng In Situ the sound absorption coefficient of road surfaces 
as a function of frequency in the range from 250 Hz to 4 kHz. 

Architectural Acoustics, Reverberation, and Noise Contrai Design 

ANSI S12.2-1995 (R1999), Criteria for Evaluating Room Noise. Defines NC, 
NCB, RC, and perceptible acoustically induced low-frequency vibration criteri.on 
curves for the octave-band SPL spectrum of noise and rules for using them 
to evaluate room background noISe. 

ANSI Sl2.60-2002, Acoustical Performance Crzteria, Design Requirements, 
and Guidelines for Schools. Acoustical performance criteria, design requirements, 
and design guidelines for new school classrooms and other learning spaces to 
achieve a high degree of speech mtelligibility m learning spaces. Confonnance 
test procedures are provided. 

ASTM E1041, Guide for Measurement of Masking Sound m Open Offices. 
ASTM Elll0-01, Standard Classification for Determmation of Articulation 

Class. Prov1des a single figure rating that can be used for comparing building 
systems and subsystems for speech privacy purposes. The rating is des1gned to 
correlate with transrnitted speech intelligens::e between office spaces. 

ASTM Ellll-02, Standard Test Methodfor Measuring the Interzone Attenu­
ation of Ceiling Systems. Measures the sound reflective characteristics of ceiling 
systems with partial-height space diVIders, used in offices and sometimes m 
schools to achieve speech pnvacy between work zones m the absence of full­
height partitions. Restricted to a fixed space diVIder he1ght of 5 ft, a ceiling he1ght 
of norninally 9 ft, a source he1ght of 4 ft, and rmcrophone positions at 4 ft height. 

ASTM El 130-02, Standard Test Methodfor Objective Measurement of Speech 
Privacy in Open Offices Ustng Articulation Index (AI). Measuring speech privacy 
obJectively between existing locations in open offices. Uses acoustical mea­
surements, published information on speech levels, and speech intelligibility to 
compute the Articulation Index (Al). 

ASTM El 179-87 (1998), Standard Specificatton for Sound Sources Used for 
Testing Open Office Components and Systems. Specifies the sound source used 
for measuring the speech pnvacy between open offices or for measuring the 
laboratory performance of acoustical components (see Ellll and El130). 

ASTivI E1375-90 (2002), Standard Test Method for Measuring the Interzone 
Attenuation of Fumiture Panels Used as Acoustical Barriers. Measurement of the 
interzone attenuation of fumiture panels used as acoustical barriers in open-plan 
spaces to provide speech privacy or sound isolation between working positions. 

ASTM E1376-90 (2002), Standard Test Method for Measuring the Interzone 
Attenuation of Sound Refiected by Wall Fintshes and Fumtture Panels. Measures 
the degree to which reflected sound is attenuated by vertical surfaces in open-plan 
spaces. 
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ASTM E1573-02, Standard Test Method for Evaluating Masking Sound in 
Open Offices Using A-Weighted and One-Third Octave Band Sound Pressure Lev­
els. Procedures to evaluate the spatial and temporal unifonnity of masking sound 
in open offices usmg A-we1ghted or one-third-octave-band SPLs. 

ASTM E1574-98, Standard Test Method for Measurement of Sound in Resi­
dential Spaces. Practical measurement of res1dual building mterior noise SPLs. 

ASTM Standard Test Method for the Measurement of Decay Rates for 
Use in Sound Insulatwn Test Methods. Measurement of sound decay rate (60/T) 
m any room. where T is the reverberation time, seconds. 

ISO 3382:.1997, Measurement of the Reverberation Time of Rooms with Ref­
erence to Other Acoustical Parameters. Measurement of reverberation time Tin 
perfonnance spaces. Specifies additional measures of auditorium gain (G), early 
decay (EDT), clarity (C80), Deutlichkeit (D50), central tirne (CT) lateral energy 
fraction (LF) and interaural cross correlation (IACC) and of T in any room. 

ISO 10053-1991, Measurement of Office Screen Sound Attenuation under Spe­
cific Laboratory Conditions. Similar to ASTM B1375. 
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APPENDIXB 

American System of Units 

The Amencan system of units [ which used to be referred to as the English system 
of units until England converted to the meter-kilogram-second (mks) system) is 
inherently confusing. In everyday American life, the pound (abbreviated lb) 1s 
used either as a force or as a weight, both having the units of force. To further 
complicate matters, some technical writers seek to provide a system parallel to 
the metric system by using e1ther of two quantities for force and e1ther of two 
corresponding quantities for mass. Thus, some adopt the pound as the urut of 
force and define a slug as the unit of mass. Others define a poundal as the 
unit of force and adopt the pound as the unit of mass. Ne1ther the slug nor 
the poundal has found general acceptance in the literature, although we use the 
former in thls text. 

As one well-traveled acoustic1an said, "I have detennined that 1 kg of butter 
bought in Zurich is exactly the same amount as 2.2 lb bought m New York. 
Whenever I wish to solve a technical problem m Amenca without confusion, I 
immediately div1de the number of pounds by 2.2 to obtain the eqmvalent num­
ber of kilograms. Then I work in the mk:s system, where force and mass are 
clearly distinguished." Let us take a moment to distinguish further between mass 
and force. 

The mass of a body 1s defined as m = F / x, where F 1s the vector sum of 
all forces acting on the center of gravity of the unrestrained body and x is the 
accelerat10n produced in the direction of the force F. 

The weight of a body is defined as w = mg, where g is the acceleration of 
graviiy (9.81 rn/s2 on earth) and w is the force that must act on the otherwise 
unrestrained body to keep tt stationary when exposed to the gravitat10nal field. 
Consequently, a body has the sarne mass but different weight on the moon than 
on eaith. On earth the weight of a 1-kg mass, which is designated as one kilopond 
(1 kp), is 1 kp weight = 1 kg mass x 9.81 rn/s2 9.81 newtons. 

CONSISTENT SYSTEMS OF UNITS USED IN THIS TEXT 

Two consistent systems of units are used in this text, the mks and the fss systems. 
To describe them, let us start with Newton's second law: 

Force = mass x acceleration (B.l) 
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In the meter-kilogram-second system 

No. of newtons = no. of kg x no. of m/s2 

In the foot-slug-second system 

No. of pounds force (lb)= no. of slugs x no. of ft/s2 

The relations among the magmtudes of the umts are 

lkp = 2.2051b weight 

1 kg 0.0685slug 

lslug = 14.59 kg 

1 newton = 0.2251b force 

llb force = 4.448 newtons 

lslug 32.171b weight 

llb weight = 0.03108slug = 0.454 kg 

(B.2) 

(B.3) 

Example. If 1 kg mass is to be accelerated 1 rn/s2, we see, by Eq. (B.2), that 
a force of 1 newton 1s required. How many pounds (force) is required for the 
same result? 

Solution 1 kg equals (2.205/32.17) slug and 1 rn/s2 = 3.28 ft/s2 , Thus, by Eq. 
(B.3), 0.225 lb (force) is required 

INCONSISTENT SYSTEMS OF AMERICAN UNITS USED IN THE 
LITERATURE 

Two incons1stent systems of American units are commonly encountered, the fps 
and the tps systems. 

In the foot-pound-second system (inconsistent system) 

no. of pounds weight (lb) 0 No. of pounds force (lb) = ---"------'-- x no. of ftls- (B.4) 
g 

where g 1s the acceleration due to gravity m umts of ft/s2, that is, 32.17 ft/s2 . 

In the mch-pound-second system (inconsistent system) 

No. of pounds force (lb) 
no. of pounds weight (lb) . , 
__ ..c;_ ___ ...;;;..__ __ x no. of m.ls- (B.5) 

g 

INCONSISTENT SYSTEMS OF AMERICAN UNIT$ USED IN THE UTERATURE 937 

where g 1s the acceleration due to graVIty m units of in./s2, that is, 3.86 m.Js2 

Mechanical engineers often use the in.-lb-s system in the field of shock and 
vibration. 

Example. A 1-kg mass 1s accelerated 5 rn/s2 Find the force necessary to do 
fuis in newtons and pounds (force). 

Solution 

1 kg= 2.2 lb weight 0.0685 slug 

5 rn/s2 16.4 ft/s2 

F (newtons) = 1 x 5 5 newtons 

F (lb)= 0.0685 x 16.4 1.124 lb (force) 
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Conversion Factors 

The followmg values for the fundamental constants were used in the preparation 
of the factors: 

1 m 39.37 m. 3.281 ft 

l lb (weight) = 0.4536 kp 0.03108 slug 

1 slug = 14.594 kg 

1 lb (force)= 4.448 newtons 

Acceleration due to gravity 9.807 m/s2 

= 32.174 ft/s2 

Density of H2O at 4°C 103 kg/m3 

Density of Hg at 0°C = 1.3595 x 104 kg/m3 

1 U.S. lb = 1 British lb 

1 U.S. gallon= 0.83267 British gallon 

°F= (~)°C+32 

°C (~)(°F 32) 

TABLE C.1 Conversion Factors 

To convert 

acres 

atm 

Into 

ft2 

miles2 (statute) 
m2 

hectare (104 m2) 

in. H2O at 4°C 
in. Hg at 0°C 
ft H2 0 at 4°C 
mm Hg at0°C 
lb/in.2 

Mult1ply by 

4.356 X 104 

1.562 X 10-3 

4,047 
0.4047 
406.80 
29.92 
33.90 
760 
14.70 

Conversely, 
multiply by 

2.296 X 10-5 

640 
2.471 X 10-4 

2.471 
2.458 X 10- 3 

3.342 X 10-2 

2.950 X 10-2 

l.316 X 10-3 

6.805 X 10-z 

(contmued overleaf) 
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TABLE C.1 (continùed) TABLE C.1 (continued) 

Conversely, 
Conversely, To couvert Into Mult1ply by multiply by To couvert Into Multiply by multiply by 

newtons/m2 1.0132 X 105 9.872 X 10- 6 
lb (weight) 2.205 X 10- 3 453.6 kp/m2 1.033 X 104 9.681 X 10-5 

hp (550 ft-lb/s) ft-lb/min 3.3 X lü4 3.030 X 10- 5 oc OF (°C X ~) + 32 (°F- 32) xi watts 745.7 1.341 X 10- 3 cm in. 0.3937 2.540 kW 0.7457 1.341 ft 3.281 X 10-z 30.48 m. ft 0.0833 12 m 10-2 102 
cm 2.540 0.3937 circular mils in.2 7.85 X 10- 7 1.274 X 106 
ID 0.0254 39.37 cm2 5.067 X 10- 6 1.974 X 105 

m.2 ft2 0.006945 144 cm2 in.2 0.1550 6.452 cm2 6.452 0.1550 ft2 1.0764 X 10- 3 929 mz 6.452 X 10-4 1550 m2 10-4 104 m.3 ft3 5.787 X 10-4 1.728 X 103 
cm3 m.3 0.06102 16.387 cm3 16.387 6.102 X 10- 2 

ft3 3.531 X 10- 5 2.832 X lü4 m3 1.639 X 10- 5 6.102 X lü4 m3 10-6 106 kg lb (weight) 2.2046 0.4536 deg (angle) radians 1.745 X 10- 2 57.30 slug 0.06852 14.594 dynes lb (force) 2.248 X 10- 6 4.448 X 105 
g 103 10-3 

newtons 10-s 105 kg/m2 lb/in.2 (weight) 0.001422 703.0 dynes/cm2 lb/ft2 (force) 2,090 X 10- 3 478.5 lb/ft2 (weight) 0.2048 4.882 newtons/m2 10- 1 
10 g/cm2 10-1 10 1 m. H2O N/m2 249.18 4.013 X 10- 3 

kg/m3 lb/in. 3 ( we1ght) 3.613 X 10-5 2.768 X lü4 ergs ft-lb (force) 7.376 X 10-S 1.356 X 107 
lb/ft3 (we1ght) 6.243 X 10-z 16.02 Joules 10-7 107 

liters m.3 61.03 1.639 X 10-z ergs/cm3 ft-lb/ft' 2.089 X 10- 3 478.7 ft3 0.03532 28.32 ergs/s watts 10-7 101 
pints (liqmd U.S.) 2.1134 0.47318 ft-lb/s 7.376 X 10-S 1.356 X 107 
quarts (liquid U.S.) 1.0567 0.94636 ergs/s-cm2 ft-lb/s-ft2 6.847 X 10- 5 1.4605 x lü4 gal (liquid U.S.) 0.2642 3.785 fathoms ft 6 0.16667 cm3 1000 0.001 ft lll. 12 0.08333 m3 0.001 1000 cm 30.48 3.281 X 10-2 

loge n, or ln n logwn 0.4343 2.303 m 0.3048 3.281 Ill lll. 39.371 0.02540 ft2 lll,2 144 6.945 X 10- 3 
ft 3.2808 0.30481 cm2 9.290 X 102 0.010764 yd 1.0936 0.9144 m2 9.290 X 10- 2 10.764 cm 102 10-2 m.s 1728 5.787 X 10- 4 

m2 m.2 1550 6.452 X 10- 4 
cm3 2.832 X 104 3.531 X 10- 5 

ft2 10.764 9.290 X 10-2 m3 2.832 X 10-z 35.31 yd2 1.196 0.8362 liters 28.32 3.531 X 10-2 
cm2 104 10-4 ft H2 0 at 4°C in. Hg at 0°C 0.8826 1.133 m3 in.3 6.102 X 104 1.639 X 10- 5 

lb/in.2 0.4335 2.307 ft3 
35.31 2.832 X 10- 2 

lb/ft2 62.43 1.602 X 10-z yd3 1.3080 0.7646 newtons/m 2 2989 3.345 X 10-4 cm3 106 10-6 gal (liquid U.S.) gal (liquid Brit. Imp.) 0.8327 1.2010 microbars 
liters 3.785 0.2642 ( dynes/cm2) lb/in.2 1.4513 X 10-S 6.890 X 104 m3 3.785 X 10- 3 264.2 lb/ft2 2.090 X 10- 3 478.5 gm oz (we1ght) 3.527 X 10-z 28.35 

(continued overleaf) 
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TABLE C.1 (continued) 

To couvert Into Multiply by 

newtons/m 2 10-1 
miles ( nautical) ft 6080 

km 1.852 
miles ( statu te) ft 5280 

km 1.6093 
miles2 (statute) ft2 2.788 X 107 

km2 2.590 
acres 640 

mph fi/min 88 
km/mm 2.682 X 10-z 
km/h 1.6093 

nepers <lb 8.686 
newtons lb (force) 0.2248 

dynes HY 
newtons/m2 lb/in. 2 (force) 1.4513 X 10-4 

lb/ft2 (force) 2.090 X 10-z 
dynes/cm2 10 

lb (force) newtons 4.448 
lb (we1ght) slugs 0.03108 

kg 0.4536 
lb H2 0 ( distilled) ft3 •· ... " 

1.602 X 10-2 

gal (liquid U.S.) 0.1198 
lb/in.2 (weight) lb/ft2 (weight) 144 

kg/m2 703 
lb/in. 2 (force) lb/ft2 (force) 144 

N/m2 6894 
lb/ft2 (we1ght) lb/in.2 (weight) 6.945 X 10- 3 

gm/cm2 0.4882 
kg/ni2 4.882 

lb/ft2 (force) lb/in.2 (force) 6.945 X 10-3 

N/m2 47.85 
lb/ft3 (weight) lb/in.3 (we1ght) 5.787 X 10-4 

kg/m3 16.02 
poundals lb (force) 3.108 X 10-z 

dynes 1.383 X 104 

newtons 0.1382 
slugs lb (weight) 32.17 

kg 14.594 
slugs/ft2 kg/m2 157.2 
tons, short 

(2,000 lb) tonnes (1000 kg) 0.9075 
watts ergs/s 107 

hp (550 ft-lb/s) 1.341 X 10-3 

·1 

+ 
ï 

Conversely, 
multiply by 

10 
1.645 X 10-4 

0.5400 
1.894 X 01- 4 

0.6214 
3.587 X 10-s 
0.3861 
1.5625 X 10- 3 

1.136 X 10-2 

37.28 
0.6214 
0.1151 
4.448 
10-s 

6.890 X 103 

47.85 
10-1 

0.2248 
32.17 
2.2046 
62.43 
8.346 
6.945 X 10- 3 

1.422 X 10-3 

6.945 X 10- 3 

1.4506 X 10- 4 

144 
2.0482 
0.2048 
144 
2.090 X 10-2 

1728 
6.243 X 10-z 
32.17 
7.233 X 10-5 

7.232 
3.108 X 10-z 
0.06852 
6.361 X 10-3 

1.102 
10-7 

745.7 

INDEX 

A 
Absorpt:lon of sound. see Sound absorptton 
Acceleratton level, 20' 
ACGIH, see Amertcan Conferencc of 

Governmental Industrial Hygienists 
Acoustical efficiency (throttling valves), 

647-649 
Acousùcal enclosures, 521-552. See also 

Small enclosures, sound in 
close-fittmg, sealed enclosures, 531-537 
for cooling towers, 667 
for feed pumps, 672 
for mdustnal gas turbines, 673 
intermediate-s1ze enclosures, 537 -538 
large, with mtenor sound-absorbing 

treatment, 540-551 
effect of sound-absorbing treatment, 547, 

548 
flanking transID1ss1on through floor, 549, 

550 
inside-outside vs. outside-inside 

transmission, 549-550 
key parameters influencmg msertion loss, 

544-545 
leaks, 547, 548 
machine posiùon, 549 
machine vibration pattern, 549 
model for insertion loss at Jngh 

frequenc1es, 541-544 
wall panel parameters, 545-547 

large, without mternal sound-absorbing 
treatment, 538-540 

part:Jal, 551-552 
performance of: 

mserllon Joss as measure for, 522-523 
measures for, 518-519 
qualitattve descnption, 523-525 

s1ze of, 521 
small, sealed enclosures, 525-531 
for transformers, 679 

Acoustrcal impedance, 39-41 
charactensllc 40 
complex 39-40 
speciii.c 40 

Acoustlcally mduced vibrations and rattles, 
905,907 

Acoustlcal levels, 12-24 
Acoustlcal modal response. 149-151 

Acousttcal pnvacy, 203-204. See also 
Speech pnvacy 

Acousttcal standards, see Standards 
Acousùcal tenmnology, 1-41, 911 
Acousùcal wave equatlon, 25-34, 149 
Acùve machinery isolatton, 840-845 
Acùve noise and vibration control (ANVC), 

721-849 
actuators: 

locattons of, 806-808 
number of, 804-806 
placement and selectron of, 722- 730 
sizing of, 808-809 

controller architecture and performance 
s1mulattons, 814-817 

control sensors/architectures, 730- 732 
design considerations, 800-80 l 
digit.al filters, 740-751 

adaptive design for, 749- 751 
descrtpllon of, 741-747 
opùmal design for, 747-749 

feedback control systems, 779-800 
alternate subopùmum control filter 

esttmation, 784-800 
basic architecture, 779- 781 
optimal control filter esùmallon, 

781-784 
feedforward control systems, 751- 779 

adaptive control, 760- 765 
basic architecture, 7 51- 7 54 
control of aliasmg effects, 765- 769 
extension to MIMO systems, 777- 779 
optimal control filter esùmation, 

754-760 
system identification, 769- 777 

identifymg performance goals for, 
801-804 

implementatton and testmg of, 827-829 
performance expectattons, 732- 733 
placement and selection of control 

sources/actuators, 722- 730 
prototype ANVC systems, 733- 740 

active machinery 1sola110n, 840-845 
airborne n01se rn illgh-speed patrol craft, 

845-849 
MlMO feedforward active locomotive 

exhaust with passive component, 
829-840 

nA'> 
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TABLE C.1 (continued) 

To convert Into Multiply by 

newtons/m 2 10-1 
miles (nautical) ft 6080 

km 1.852 
miles (statute) ft 5280 

km 1.6093 
miles2 ( statu te) ft2 2.788 X 107 

km2 2.590 
acres 640 

mph fi/min 88 
km/min 2.682 X 10-2 

km/h 1.6093 
nepers db 8.686 
newtons lb (force) 0.2248 

dynes 105 
newtons/m2 lb/in.2 (force) 1.4513 X 10-4 

lb/ft2 (force) 2.090 X 10- 2 

dynes/cm2 10 
lb (force) newtons 4.448 
lb (werght) slugs 0.03108 

kg 0.4536 
lb H2 0 ( distilled) ft3 ,.,., " 

1.602 X 10-2 

gal (liquid U.S.) 0.1198 
lb/in.2 (weight) lb/ft2 (we1ght) 144 

kg/m2 703 
lb/in.2 (force) lb/ft2 (force) 144 

N/m2 6894 
lb/ft2 (weight) lb/in.2 (weight) 6.945 X 10-3 

gm/cm2 0.4882 
kg/m2 4.882 

lb/ft2 (force) lb/in.2 (force) 6.945 X 10- 3 

N/m2 47.85 
lb/ft3 (werght) lb/in.3 (weight) 5.787 X 10-4 

kg/m3 16.02 
poundals lb (force) 3.108 X 10-2 

dynes 1.383 X 104 

newtons 0.1382 
slugs lb (we1ght) 32.17 

kg 14.594 
slugs/ft2 kg/m2 157.2 
tons, short 

(2,000 lb) tonnes (1000 kg) 0.9075 
watts ergs/s 107 

hp (550 ft-lb/s) 1.341 X 10- 3 

1 

Conversely, 
mult1ply by 

10 
1.645 X 10-4 

0.5400 
1.894 X 01- 4 

0.6214 
3.587 X 10-S 
0.3861 
1.5625 X 10-3 

1.136 X 10-2 

37.28 
0.6214 
0.1151 
4.448 
10-5 

6.890 X 103 

47.85 
10-1 

0.2248 
32.17 
2.2046 
62.43 
8.346 
6.945 X 10-3 

1.422 X 10-3 

6.945 X 10-3 

1.4506 X 10-4 

144 
2.0482 
0.2048 
144 
2.090 X 10-2 

1728 
6.243 X 10-2 

32.17 
7.233 X 10-5 

7.232 
3.108 X 10-2 

0.06852 
6.361 X 10-3 

1.102 
10-7 

745.7 

INDEX 

A 
Absorption of sound, see Sound absorption 
Acceleration level, 20' 
ACGIH, see American Conference of 

Governmental Indilstnal Hyg1enists 
Acoustical efficiency (throttling valves), 

647-649 
Acoustical enclosures, 521-552. See also 

Small enclosures, sound in 
close-fittrng, sealed enclosures, 531-537 
for cooling towers, 667 
for feed pumps, 672 
for mdustrial gas turbines, 673 
rntermediate-size enclosures, 537-538 
large, with rnterior sound-absorbing 

treatment, 540-551 
effect of sound-absorbing treatment, 547, 

548 
flanking transrmssion through floor, 549, 

-550 
inside-outside vs. outside-mside 

transmission, 549-550 
key parameters mfluencing insertion loss, 

544-545 
leaks, 547, 548 
machine position, 549 
machme vibration pattern, 549 
mode! for insertion loss at high 

frequencies, 541-544 
wall panel parameters, 545-547 

large, without interna! sound-absorbing 
treatment, 538-540 

partial, 551-552 
performance of: 

insertion Joss as measure for, 522-523 
measures for, 518-519 
qualitative descnptlOn, 523-525 

size of, 521 
small, sealed enclosures, 525-531 
for transformers, 679 

Acoustical rmpedance, 39-41 
charactenstic 40 
complex 39-40 
specific 40 

Acousllcally mduced vibrations and rattles, 
905, 907 

Acoust1cal levels, 12-24 
Acoustical modal response, 149-151 

Acoustical privacy, 203-204. See also 
Speech pnvacy 

Acoustical standards, see Standards 
Acoustical tenmnology, 1-41, 911 
Acoustical wave equation, 25-34, 149 
Acllve machinery isolation, 840-845 
Active noise and vibration control (ANVC), 

721-849 
actuators: 

locations of, 806-808 
number of, 804-806 
placement and selection of, 722- 730 
sizmg of, 808-809 

controller architecture and performance 
simulations, 814-817 

control sensors/arctutectures, 730- 732 
design considerations, 800-801 
digital filters, 740- 751 

adapt1ve design for, 749- 751 
descnptlOn of, 741- 747 
optlmal design for, 747-749 

feedback control systems, 779-800 
alternate suboptimum control filter 

estimation, 784-800 
basic architecture, 779-781 
optimal contràl filter estlmation, 

781-784 
feedforward control systems, 751-779 

adaptive control, 760- 765 
basic architecture, 751- 754 
contrai of aliasing effects, 765- 769 
extens10n to MIMO systems, 777- 779 
optimal control filter estimation, 

754-760 
system identification, 769- 777 

identifymg performance goals for, 
801-804 

1mplementation and testing of, 827-829 
performance expectations, 732- 733 
placement and selection of control 

sources/actuators, 722- 730 
prototype ANVC systems, 733-740 

actlve machinery isolat10n, 840-845 
airborne n01se m high-speed patrol craft, 

845-849 
MIMO feedforward active locomotlve 

exhaust with passive component, 
829-840 
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Acttve noise and vibratton control (AtWC) 
( continued ) 

sensors: 
control sensors/architectures, 730- 732 
number/locatton of, 809-814 
performance of, 813-814 
reference, 809, 812-813 
residual, 809-812 

Actuators (AtWC): 
locations of, 806-808 
number of, 804-806 
placement and selectton of, 722- 730 
sizmg of, 808-809 

Actuator channels, 806 
Adaptive control algoriihm, 760- 765 
A/D converters, see Analog-to-digital 

converters 
Added mass, 348, 355, 383-384 
Added mass coefficient, 348 
Added mass/fiuid density, 348 
Added volume, 348, 355 
Admittance, 41 
Aeroacoustical sources, 611-616 

aerodynanuc dipoles, 612-613 
aerodynanuc monopoles, 611-612 
aerodynamic quadrupoles, 613-614 
of fract:Ional orders, 614 
influence of source motion, 615-616 

Aerodynamic dipoles, 614 
Aerodymunic monopoles, 614 
Aerodynanuc sound, 611, 643-656. See also 

Gas fiow noise 
AFOSHSTD (Air Force Occupational, Safety, 

and Health Standard}, 881 
AI, see Art:Iculat:Ion index 
Air bag deployment no1se, 869 
Airbome excitation, s1multaneous dynarn.ic 

excitatton and, 462-465 
Airborne sound (n01se): 

outdoors, 121 
Airborne whole-body vibration criteria, 881 
Air compressors, predicting n01se from, 

660-662 
Air-Conditiomng and Refrigeration Inst1tute 

(ARl), 911 
Air-cooled condensers, predictmg n01se from, 

667-668 
Airerait intenor n01se control, 736 
Airfiow veloc1ty (HVAC systems), 701-703 

fans, 707 
near grilles, 701- 702 
tenmnal boxes/valves, 708- 709 

Airfoils: 
"singmg" of, 640 
sound generatton by, 639-640 

Air Force üccupational, Safety, and Health 
Standard (AFOSHSTD), 881 

Air mounts, 739 
Air Movement and Control Association 

(AMCA), 670 

Air pressure ratios, 648 
Air isolators, 577 
Aliasmg, 

active control of, 765- 769 
m spectral analysis, 54 

Ali zero filters, 743 
AMCA (Air Movement and Contro! 

Asso01at:1on), 670 
American Conference of Governmental 

Industnal Hygiemsts (ACGIH), 871, 88L 
882 

American National Standards Institute 
(Ai'-!SI), 878, 911 

American Society of Refrigerating, 
and Air-Conditiomng 1:m,gm,eers 
(ASHRAE), 706, 711, 

American Society of Mechanical Engmeers 
(ASME), 911 

Amencan Society of Testing and Materials 
(ASTM), 911 

American system of umts, 935-937 
Amplificat1on at resonance, 583 
Analog-to-digital (A/D) converters, 741-742, 

766, 767 
for ANVC systems, 819-825 
sampling process of, 817 

Anech01c spaces/rooms, 82, 97-98, 211 
Ai'-ISI, see Amencan National Standards 

Institute 
" Antialiasmg filters, 54, 57, 765- 769 

and A..l\fVC perforn1ance, 815 
selection of, 817-819 

ANVC, see Active n01se and vibration 
control 

Applications Handbook (ASHRAE), 711 
Arctutectural acoustics ,standards for, 

930-931 
Architectural noise control m buildings, 

standards for, 926-931 
Area sources, 122 
AR1 (Air-Condit:Iomng and Refrigeration 

Instttute), 911 
ARMA filters, 744 
Armed forces sound exposure critena, 863, 

867 -868, 874 
Articulation mdex (AI), 203-204 
ASHRAE, see A:mencan Society of Heating, 

Refrigeratmg, and Air-Conditiomng 
Engineers 

ASHRAE handbooks, 706, 711 
ASME (Amencan Society of Mecharucal 

Engmeers), 911 
ASTM (American Society of Testtng and 

Mate rials), 911 
Asymptotic thresbold shift (ATS), 865, 866 
Atmosphenc absorptmn, 136 
Atinospbenc pressure, 1 
Attenuation: 

active noise control, 721-849 
ducts, lined, 311-313 

of sound: 
by atmospbere, 136 
by barners, 132-135, 137-139 
by ground cover and trees, 137 

total, 137 
Andio frequency region, 859-867, 873 
Auralization, 190 
Autocorrelation functlon, 60 
Automot1ve interior n01se control system, 

735-736 
Autoregressive movmg average filters, 744 
Autospectral density functions, 55-59 
Averages, 8, 19: 

linear, 48 
runmng, 49-50 
synchronous averaging, 51-52 
unweigbted (linear), 48, 49 
we1ghted, 48-49 

Average A-weighted sound level, 17 
Average diffuse-field surface absorption 

coefficient, 184-185 
Average sound level, 16 
A-weigbted sound level, 17, 887-891 
A-weighted sonnd (noise) exposure level, 18, 

858, 859 
coal car shakers, 664_ 
diesel-engme-powered equipment, 668 
transformers, 677-678 

A-weigbted sound power level, 73- 75 
air compressors, 661 
m diffuse field, 81 
estimates of, 659 
feed pumps, 673 
stean1 turbmes, 67 6 
wmd turbines, 680 

A-weighted sound pressure level, 15-16 
long-term, 139 
for noJ.Se exposure, 858, 859 
for outdoor sound, 121 
overall, 142-143 

B 
Background n01se: 

in classrooms, 196-197 
for speech mtelligibility, 192-193 

Baffied pistons, sound power output of, 35, 36 
Balanced nmse cnterion (NCB) curves, 894, 

895 
Bandwidths: 

of contlnuous-spectrum sound, 7-9 
conversion of, 10-11 
half-power, 165 
with tapenng, 57 

Barners, 132 
cooling towers, 667 
effectiveness of, 345 
for open-plan offices, 202-203 
for outdoor sound, 120, 132-135 

close to trees, with gaps and slots, 
138-139 

INDEX 945 

mteraction of ground and, 137-138 
and uncertamly of attenuation; 141-142 

with transformers, 679 
Beams: 

dampmg due to reinforcements, 591-592 
infimte: 

effective length connecting force and 
moment impedance, 502 

transmission ihrough, 395-397 
power transmission to plate from, 410-413 
viscoelasttc dampmg of: 

three-component bearns, 602-606 
two-component beams, 599-600 

Beam-tracmg techmques, 189-190 
BEM (boundary element mode!), 121 
Bending waves: 

complete power transrmssion for, 412-413 
reflection loss of, 407-41 O 

in beams, 411-412 
and change m cross-sectional area, 407 
free bending waves at L-junctions, 408 
m plates with vibration break, 415-416 
througb cross Junctions and T-JunetJons, 

409-410 
ihrough mfimte plates, 417-418 

Bias error, 59 
in coherent output power calculations, 65 
m gam factor estirnates, 62 
m intensity measurement, 105, 106 

Blockect pressure, 626, 629 
Black" s formula for shallow cavities, 

641-642 
Boilers, predicttng noise from, 662-663 
Boundanes, ctamping due to, 591 
Boundary conditions, 150, 151 

forced sound pressure response, 159 
Boundary element metbod, 156 
Boundary element mode! (BEM), 121 
Breakin noise, HVAC, 703- 705 
Breakin sound transffi!ssion Joss, 450-451 
Breakout noise, HVAC, 703-705 
Breakout sound transrn.iss10n loss, 448-450 
Broadbanct disturbance contrai, 756- 760 
Broadband regulation filter, 790- 795, 797 
Bucket ladder unloaders, 664 
Butterwortb filters, 817-818 

C 
Cabins: 

acoustical performance measures of, 520 
defined, 517 

Caner filters, 817-818 
Cav1ties, flows past, 640-643 
Ceilings, for mechamcal rooms, 710 
Central-processmg units (CPUs), 825, 827 
CHABA., see National Academy of 

Sciences-National Research Council, 
Comnuttee on Hearing, Bioacoustics and 
Biomecbarncs 

Charactenstic res1stance, 40 
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Choked Jets, 621 
Circular effects (with FFT), 50 
Clamshell bucket unloaders, 664 
Classrooms, 191-197 

conttolling sound m, 196-197 
predictmg acoustical quality of, 193-196 
speech mtelligibility m, 192-193 

Closed-loop system identificat10n, 771, 772, 
774- 776, 827, 828 

Closed offices, sound pressure levels in, 
190-191 

Close-fitting enclosures: 
defined, 522 
sealed, 531-537 

free standing, 531-534 
machine-mounted, 535-537 

wrappmgs vs., 552 
Coincidence frequency, 432-434, 436. See 

atso Critical frequency for orthotropic 
plates, 437 

Coal car shakers, 663-664 
Coal crushers, 665 
Coal-handling equipment: 

diesel-powered, 668 
predicting n01se from, 663-665 

Coal mills and pulvenzers, 665 
Coal ttansfer towers, 665 
Coefficient of variat10n, 50 
Coherence functions ( coherency squared), 

58-59 
Coherent output power relatJonship, 64-65 
Coi! spnng isolators, 576 
Combinatlon mufflers, 335-338 
Combustion noise (gas turbine engmes ), 

624-626 
Community noise, 907 
Comparison method (sound power output), 

81, 88-89 
Compensation filter (feedback control), 

792-800 
Compensator-regulator architecture (feedback 

control), 784- 785 
Complex admittance, 41 
Complex impedance, 38-40, 588 
Complex sound spectra, 12 
Composite partitions, sound trans!Illss10n 

through, 451 
Composite structures ( statJstJcal energy 

analys1s), 456 
Composite transmission factor, 461, 462 
Comprehensive models (noise prediction), 

198 
Compression waves, 6, 390-391 

and change in cross-sectJonal area, 407 
m plates with vibration break, 414-415 

Compressive force, 347-348 
Concentrlc-tube resonator (CTR), 304-311 
Concurrent system identification, 771 
Conference roorns, 191, 890, 891, 898 
Construction eqmpment, diesel-powered, 668 

Contmuous spectra, 2-3, 7-11 
Control authority (ANVC), 730 
Convers10n factors, 939-942 
Cooley-Tukey algorithm, 53-54 
Cooling towers, predicting noise from, 

666-667 
Core n01se, 624-625, 679 
Correlatlon functions, 60-61 
Cosine-squared taper, 55, 57 
Coulomb dampmg, 588 
Coupling loss factor, 456 
CPUs, see Central-processmg umts 
Critena for noISe limits in buildings, 886-907 

survey method, LA, 888-889 
engmeermg method, NC, 889, 892-894 
prec1s10n method, RNC, 899-905 

Cntical bands, 900 
Critical frequency, 432-433, 436. See also 

Comcidence frequency 
Cnt!cal damping coefficient, 559, 581 
Cnt!cal damping ratio, 162 
Cross-correlation function, 67-69 
Cross Junctions, reflection loss of bending 

waves through, 409-410 
Cross-sectional area: 

of HVAC ducts, 687, 691 
power transmission owmg to change in, 

406-407 
Cross-spectral dens1ty (CSD) matrlx, 

0 804-808, 810-814 
Cross-spectral denslty functions, 57-59 
CSD matrix, see Cross-spectral dens1ty 

matrix 
CTR, see Concentrlc-tube resonator 
Cylinctncal array (microphones), 93, 94, 96 
Cylindncal sound sources, 4 

D 
Dl A converters, see Digital-to-analog 

converters 
Damage nsk cntena: 

for hearing, 858-874 
impulse noise, 867-869 
infrasound exposure, 869, 870 
n01se exposure criteria for audio 

frequency region, 861-867 
protection of, 871-874 
ulttasound exposure, 869-871 

human vibration response, 87 4-883 
exposure guidelines, 877-883 
hand-transmitted vibration effects, 877 
whole-body vibration effects, 875-877 

Dampmg, 174-176 
cntical dampmg ratio, 162 
effect of, 561 
in HVAC ducts, 701, 703 
structural, 561, 579-607 

analytJcal models of, 588 
due to boundaries and reinforcements, 

591-592 

due to energy transport, 592-594 
effects of, 579-580 
energy dissipation and convers10n, 

589-590 
measurement of, 586-588 
measures of, 580-586 
models of, 588-589 
viscoelastic, 594-607 

in two-stage 1solat1on systems, 573, 574 
VISCOUS, 561 

Damping capacity, 584 
Damping ratio, 559, 561, 581 
Dashpots, 395 

m mass-spnng-dashpot system, 
557-560 

pomt force 1mpedance for, 394 
Data analys1s, 43-69 

analog, 52 
correlation functions, 60-61 
deterrmnist1c data, 44-45 
mean-square values, 3, 47-48 
mean. values, 47 
for penodic excitation source identification, 

63-64 
for propagation path identification, 

66-69 • 
random data, 45-47 
for random excitation source identification, 

64-66 
running averages, 49-50 
spectral functions, 52-59 

auto (power) spectral density functions, 
55-58 

coherence functlons, 58-59 
FFT algorithm, 52-54 
line and Fourier spectral functions, 

54~55 
statistical sampling errors, 50-51, 59 
synchronous averagmg, 51-52 
for system response propertles 

identification, 62-63 
types of data signais, 43 

_ we1ghted averages, 48-49 
Data s1gnals, 4 3 

deterrninistlc, 44-45 
random, 45-47 

Day-mght sound (noise) level, 17, 888, 907 
dB, see Decibels 
Decay, see Sound decay 
Decay distance, 603 
Decay rates, 582, 587. See atso Reverberation 

time 
Decibels (dB): 

fractions of, 24 
and reference quantlties, 12 
sound power expression, 75 
sounct pressure level expression, 15, 17 

Deflect1on, 599 
Deformation of solids, 492 
Department of Defense (DOD), 907 

INDEX 947 

Deterrnimstic data signais, 44-45 
spectral computations for, 55 
statistJcal sampling errors with, 59 

DI, see Directivity index 
Diesel-engine-powerect equipment, predictrng 

n01se from, 668-669 
Diffuse-field theory, 184-187 
Diffuse (reverberant) field, 76- 77 

contrai of, 200-201 
dnving freely hung panel, 457-459 
measurement m, 82 
sound power deterrmnation in, 81 
sound power in, 81, 85-9! 

Diffusers: 
HVAC, 701-703 
m reverberat10ns rooms, 209-210 

Digital data: 
mean-square value of, 47-48 
mean values of, 47 

Digital filters (ANVC), 740- 751 
adaptlve design for, 749-751 
advantages of, 740- 741 
descnptlon of, 741-747 
optimal design for, 747-749 

Digital signal processor (DSP) chips, 
740- 741, 825-827 

Digital signal processors, 825-827 
Dig1tal-to-analog (D/A) converters, 767, 770, 

815-816 
for ANVC systems, 819-825 
sampling process of, 817 

Dilatation resonance, 439 
Dipoles: 

aerodyna!Illc, 614, 633 
sound power output of, 34, 35 

Direct-estimation algorithm, MIMO, 778 
Direct field, control of, 200 
Directional sources, 72, 73, 78- 79 
Directivity: 

definect, 72 
deterrnination of, 113-117 

Directivity factor, 113-116 
Directiv1ty mdex (DI), 115-117, 123 
Directlv1ty pattern, 113, 114 
Direct method (sound power output), 81, 

89-91 
Displacement level, 582 
Displacement ventilation systems, 703 
Dissipation, 165-166 
Dissipative silencers, 311-335 

economic considerations, 335 
effect of flow on silencer attenuation, 

329-331 
factors in acoustical performance of, 

282-283 
flow-generated noise, 331-333 
key performance parameters, 313-316 
lined ducts, 281-313 
parallel-baffle silencers, 316-325 
pod silencers, 328-329 
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Dissipative silencers (continued) 
prediction of silencer pressure drop, 

333-335 
round silencers, 325-328 

Distributed sound-maskmg systems, 206 
Doppler factor, 615 
Dose-response cnrve (DRC), 868 
Double-layer part1t1ons, sound transmission 

tbrough, 443-449 
Double-tuned expansion chamber (DTEC), 

297-300 
Drag, 633 
DRC (dose-response curve), 868 
Driving pomt force impedance, 496-500 
Dry cooling systems, see Air-cooled 

condensers 
Dry friction damping, 588 
DSP chips, see Digital signal processor chips 
DTEC, see Double-tuned expansion chamber 
Ducts: 

flow noise m, 635-638 
HVAC, noise transmission attentuation for, 

685-699 
by cross-secttonal area changes, 687, 691 
by di Visions, 687 
by elbows, 691-693 
end-reflection loss, 697-698 
by plenums, 696-697 
prefabncated sound attenuators, 693-696 
room effect, 698-699 
m straight ducts, 686-691 

lined, 280-313 
for rooftop arr conditionmg umts, 715- 716 
sound power determmation m, 112-113 
transmission loss 448-451 

Dynannc absorbers, 
Dynannc capability (of instroments), 105-107 
Dynarruc excitation: 

by pomt force, 393-394 
s1multaneous arrborne excitation and, 

462-465 

E 
Barly decay time (EDT), 183 
ECMA International, 112 
EDT (early tlme), 183 
Effective value, 31. See also 

Root-mean-square sound pressure 
Eigenfrequency, 400 
Elastic surface layer, rmprovement of impact 

noise isolation with, 479-483 
Elastomenc 1s01ators, 576-577 
Elbows, HVAC ducts, 691-693 
Elementary radiators, sound power output of, 

35-36 
Emission, 71 

HVAC outdoor noise, 717-718 
immiss1on vs., 73 
machinery nmse measurement standards, 

916-918 

nmse power erruss1on level, 75n. 
strengtb descriptors for, 71 

Empuical models of sound m rooms, 190 
Enclosures, see Acoustical enclosures 
End-reflectton loss, HVAC, 697-698 
Energy, diss1pated, see Dampmg 
Energy-average spectral cteviation factor, 

897 
Energy speed, 391, 393 
English system of umts, 835 
Entrance loss (dissipative mufflers}, 313-314 
Envrronmental corrections, 80, 98-101 
EnVironmental Protection Agency (EPA), 863 
Env1ronmental sound (noise): 

measurement applicat10n standards, 
921-922 

measurement metboct standards, 920-921 
outdoor propagation of, 922. See also 

Outdoor sonnd propagation 
Env1ronmental vibrations standards, 922-924 
EPA (Envrromnental Protection Agency), 863 
Eqtupment (machine) mounted enclosures, 

522, 535-537 
Equivalent continuous A-weighted noise 

level, 17 
Eqtuvalent sound absorption area, 99 
Equivalent sound power level, estlmatmg, 

659-660 
,,_ Equivalent viscous dampmg, 589n. 

'• 4Excitation: 
of freely hung panel, 457-459 
ov incident waves vs. other means, 427 
by point force, 393-394 
of solid stroctures: 

extension of reciproc1ty to, 473-476 
with sound field vs. point force, 462-465 

sources of: 
and gam factors, 62-63 
periodic, 63-64 
random, 64-66 

Exit loss (diss1pat1ve mufflers), 314 
Expansion chamber mufliers, 293-300 

double-tuned, 297-299 
extended-outlet, 294-297 
general design guidelines for, 299-300 
simple, 293-294 

Extended-outlet muffler, 294-297 
Eyring approach (diffuse-field theory), 185 

F 
FAA (Federal Aviauon Administration), 

907 
Fans: 

air-cooled condensers, 667 
cooling towers, 667 
HVAC, 705- 707 
industnal, 669-672 
industrial gas turbines, 67 4 
for mecharucal eqmpment, 718 
transformers, 677-679 

Far field, 5, 6, 76- 77 
cooling towers, 667 
transformers, 678-679 

Fast-field program (FFP), 121 
Fast Founer transform (FFT) algorithms, 50, 

52-55 
Federal Aviation Adrrumstration (FAA), 907 
Fecteral Highway Adrrunistration (FHWA) 

132 ' 
Feedback contra! systems, 779-800 

altemate suboptimum control filter 
estimation, 784-800 

architecture for, 731- 732, 779- 781 
optimal control filter estimation, 781- 784 
residual sensor channels for, 809 
system identification in, 771- 777 

Feedback neutralizatïon, 77 5 
Feedforward control systems, 751-779 

adaptive contrai, 760-765 
arcb:Jtecture for, 731-732 
basic architecture, 751-754 
control of aliasmg effects, 765- 769 
extension to MIMO systems, 777- 779 
MIMO active locomotlve exhaust with 

passive component, 829-840 
optimal control. filter estimation, 754- 760 
reference sensor channels for, 809 
residual sensor channels for, 809 
system identification, 769- 777 

Feed pumps, predicting noise from, 
672-673 

FFP (fast-field program), 121 
FFT a!gorithms, see Fast Founer transforrn 

algorithms 
FFT analyzer, 104 
FHWA (Federal Hîghway Adrmrustration), 

132 
Field-mcidence mass Jaw, 435 
Field-mcidence sound transmission 435-437 
Field-mcidence transnussion loss, 546 
Filtered-U algorithm, 775 
Filtered-x LMS "'!\'JuuJJn, 761- 765, 771, 

775,778, 
Finlte-element method, 156-159 
Fimte impulse response (FIR) filters, 743, 

744, 746-749 
Fimte panels, sound transmiss10n tbrough, 

439-443 
FIR filters, see Fimte 1mpulse response filters 
5,dB rule, 859 
Fixed diffusers, 209 
Fixed -pomt DSPs, 827 
Flanking sound transrrussion, 451-453, 549, 

550 
Flexible-wall effect on sound pressure, 

166-171 
coupled structura!-acoustical response, 

169-170 
wall as noise source, 166-168 
wall as reactive 1mpedance, 167, 169 

INDEX 

Floating floors: 
checking performance of, 486 
impact nmse rnolation with, 482 
locally reacting, 482-382 
for mechanical rooms, 710 
resonantly reacting, 483 

Floating-point DSPs, 825, 827 
F!ow(s): 

past cav1ties, 640-643 
in p1pes, 630-631 
separated, 627 
and silencer attenuation, 329-331 

Flow-generated nmse: 
gas flow noise, 611-656 

949 

aeroacoustical sources, 611-616 
aerodynarruc nmse of tbrottling valves, 

643-656 
a:irfoils and strots sound generatlon, 

638-640 
in flows past cav1ties, 640-643 
from fluid flow in pipes, 630-631 
gas Jet noise, 616-624 
gas turbine engine combustion nmse, 

624-626 
grid or grille noise, 635-638 
spoiler noise, 631-635 
turbulent boundary layer noise, 626-630 

HVAC 
m duct systems, 699- 700 
flow-generated sound power, 694 

of silencers, 331-333 
Flow resistance, flow resist1vity, 235-237 
Fluctuating drag (flow spoilers), 633 
Flu~tuating lift forces (flow spoilers), 633 
Flmds, propagation speed of sound m, 

351-352 
Foot-pound,second system of uruts, 936 
Foot-slug-second system of units, 936 
Forced sound pressure response, 159-161 
Forn1stiff small enclosures, 527-530 
4-dB rule, 859 
Founer spectral functlons, 54-55 
Frachon of critical dampmg, 581. See atso 

Damping rauo 
Free field, 4, 32, 76 

measurement in, 82 
outdoor sound propagation m, 126-128 
sound power detennination in, 91-98 

Free-field approxlmation, for sound intens1ty, 
79-81 

Free-field radiation, from Jet m ideal 
acoust1cal medium, 616 

Free standing enclosures, 522, 531-534 
Frequency response function, 62, 161 
Frequency spectral density, 638-'639 
Fresnel number, 132 
Fresnel zones, 134 
Friction force, 347 
Furmshings, sound 1n rooms and, 184 
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G 
Grun factor estimates, 62-63 
Gas flow noise, 611-656 

aeroacoustical sources, 611-616 
aerodynamic noise of tbrottling valves, 

643-656 
acoustical efficiency, 647-649 • 
aerodynanuc noise, 643-647 
due to high velocities in valve outlet. 652 
methods of valve n01se reduction, 

652-656 
pipe trans!Illssion loss coefficient, 

649-651 
airfoils and struts sound generation, 

638-640 
in flows past cavities, 640-643 
from fluid flow m pipes, 630-631 
gas Jet nmse, 616-624 
gas turbine engine combustion noise, 

624-626 
grid or grille noise, 635-638 
spoiler n01se, 631-635 
turbulent boundary layer n01se, 626-630 

Gas Jet noise, 616-624 
flight effects, 624 
from 1mperfectly expanded Jets, 621-623 
Jet mixmg noise, 616-621 

Gas turbines: 
engme combustion noise, 624-626 
mdustrial, predicting noise from, 673-675 

Ganges of metal plates, 513-514 
Generalized-terrrun PE, 121 
Gradient, 25, 26, 103 
Gradient descent algorithms, 749- 750 
Graphical user interface (GUI), 829 
Grid noise, 635-638 
Grilles: 

HVAC, 701-703 
noise from, 635-638 

Ground caver, outdoor sound propagation 
and, 137 

Group speed (energy speed), 391, 393 
GUI (graph1cal user interface), 829 

H 
Ralf-power bandwidth, 165 
Half-power pomts, 583n. 
Hand-ann vibration syndrome (HAVS), 857, 

877 
Hand-transmitted vibration criteria, 881-882 
Hand-transmitted vibration effects, 877 
Hanning wmdow, 55, 57 
HAVS, see Hand-arrn vibration syndtome 
Head-related transfer funcdons (HRTFs), 190 
Heanng, 858-874 

damage risk cnteria, 858-861 
impulse noise, 867-869 
infrasound exposure, 869, 870 
n01se exposure cntena for audio frequency 

region, 861-867 

protection of, 871-874 
psychoacoustics, 900 
a11d sound pressure. 1 
standards for testmg equipment/procedures, 

918-919 
ultrasound exposure, 869-871 

Heanng conservation prograrn standards, 919 
Hearing rmpairment (heanng loss), 18 
Hearing tbreshold, 18, 19, 894 
Heanng threshold levels, 18 
Heating, ventilating, and arrconditlonmg 

(HVAC) systems, 685-718 
airflow velocity, 701- 703 
A-weighted sound-level cnteria for, 

890-891 
diffuser selection, 703 
duct-borne noise transmission attentuation, 

685-699 
by cross-sectional area changes, 687, 691 
by divmons, 687 
by elbows, 691-693 
end-reflection Joss, 697-698 
by plenums, 696-697 
prefabricated sound attenuators, 693-696 
room effect, 698-699 
m straight ducts, 686-691 

duct sizes, 700 
for espec1ally quiet spaces, 700- 703 
fans, 705- 7f17 

···~ - '°l flow n01se in ducted systems, 699- 700 
grille selection, 703 
mechanical plant rocm sound isolation and 

noise contrai, 709- 710 
NCB cntena curves for, 901 
NC cntena curves for, 901 
noise bre-alcout/break-in, 703- 705 
outdoor n01se e!Illss1ons, 717-718 
RC critena curves for, 898 
R.c~C critena curves for, 900-902 
rooftop arr conditiorung units, 715-717 
terrnmal boxes/valves, 707- 709 
vibration isolation considerations, 711- 715 

Heat recovery steam generators (HRSGs), 674 
Helmholtz equauon, 126 
Helmholtz resonators. 149, 384, 640, 

642-643 
Hemi-anecho1c spaces/rooms, 82, 92-97, 211 
Henuspherical array (microphones), 92-94, 

100-101 
Henusphencal spaces, directivity index in, 

116 
Honzontal translattonal motions. stiffness of 

isolat.ors and, 564-565 
HRSGs (heat recovery steam generators), 674 
HRTFs (head-related ttansfer funct1ons), 190 
Human-occupancy areas, noise cnteria for, 

887-908 
acoustically induced vibrations and rattles, 

905, 907 
evaluation methods for, 888-906 

A-weighted SOIIlld level, 888-891 
current-day sound-level meters, 888 
NCB curves. 895 
NC curves, 889, 892-894 
RC curves, 895-899 
RNC curves, 899-906 

noise annoyance lll communities, 907 
sound level defimtions, 887-888 
typical urban noise, 907 -908 

Human systems, effect of noise/vibration on, 
857-858. See a/sa Hearing 

Human vibration response, 874-883 
exposure guidelines, 877-883 
hand-trans!Illtted vibration effects, 877 
whole-body vibration effects, 875-877 

Huygens' mode! for wave fields, 133-134 
HVAC systems, see Heat:Ing, ventilating, and 

arrconditiorung systems 

I 
IEC, see International Electrotechmcal 

Commission 
IIR filters, see Infinite impulse response 

filters 
IL, see Insertion loss 
Image sources, method of, 188-189 
Immission, 71 

eIDIBsion vs., 73 
preferred descriptor of, -71 

Impact dampers, 590 
Impact noise, 477-487 

coal-handling equipment: 
car shakers, 664 
rotary car dumpers, 664 

with elastic surface layer, 479-483 
n01se isolation vs. sound ttans!Illssion Joss, 

483-486 
standard tapping mactune, 477-479 

Impedance, 38-41 
complex, 39, 588 
eqmvalent lumped, 397-398, 496 
of infimte plates and beams, 393-397 
mechanical, 40: 394-395 
moment, 501 
plane-wave, 39, 352-354 
point force, 394-396, 496-500 
separat1on, 430-434 

Impulse noise. See also Impact noise 
exposure to, 860 
and hearmg, 867-869 
protection against, 87 4 

Impulse response (digital systems), 742- 746 
Inch-pound-second system of umts, 936 
Incident sound waves: 

excitation of structures by, 427 
sound absorpuon: 

normal mcidence on porous layer in 
front of ngid wall, 248-251 

oblique mddence, 251-254 
sound transnuss10n through mfinite plate: 

INDEX 

normal-mcidence waves, 427-430 
ob!ique-mcidence waves, 430-433 
random-mcidence (diffuse) sound, 

433-439 
Inctustnal fans, predicting n01se from, 

669-672 
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Industnal gas turbines, predictlng noise from, 
673-675 

Industnal workshops, 197-201 
noise contrai for, 200-201 
n01se prediction for, 198-200 

Inert1a bases, 561-562, 712 
Inertia force, 347 
Infinite impulse response (IIR) filters, 744, 

746, 750 
Infirute ngid pIBtons, 417 
Infrasound exposure, 859, 860 

and hearing, 869, 870 
protection agamst, 872-873 

Inhomogeneous atmosphere, refract10n of 
sound m, 129-132 

Inner mode! transform, 781. See also Yoiùa 
transform 

Insertion Joss (IL), 170, 284-286 
as acoustical performance measure, 

522-523 
arr compressors, 662 
close•fittmg enclosures: 

free standing, 532-534 
machine-mounted, 535-537 

HVAC ducts, 690-693 
large enclosures: 

and flanking, 549, 550 
at high frequencies, 541-544 
inside-outside vs. outside-inside 

transnuss1on, 549-550 
key parameters influencing, 544-545 
and leaks, 547, 548 
and machine pos1tion, 549 
and machine vibration pattern, 549 
and sounct-absorbmg tteatment, 547, 548 
and wall panel th1ckness, 545-547 
without mternal sound-absorbing 

tteatment, 538-540 
small enclosures: 

leaky, 530-531 
sealed, 525-530 

Instrumentation standards: 
mtens1ty instruments, 914 
n01se-measuring instruments, 912-913 

Insulation, thermal-acousncal blanket, 672 
Intens1ty, see Sound mtensity 
Intermediate office speech level (IOSL), 205 
Intermediate-s1ze enclosures, 537-538 
Internai friction, 589 
Internat1onal Electrotechnical CoID!Illss1on 

(IEC), 104, 911 
International Organizatton for Standardîzation 

(ISO), 82, 878, 911 
Inverse square law, 4-5 
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IOSL (intermediate office speech level), 205 
ISO, see International Organizat1on for 

Standardizatlon 
Isolation effectiveness, 568-569 

and isolator mass effects, 570-571 
with two-stage isolat:ton, 573-575 

Isolation effic1ency, 560 
Isolatlon range, 559 

J 
Jet rnixmg n01se, 616 
Joint input-output method, 776- 777 

K 
Kronecker delta fonction, 742 
Kuttruff model, 198-199 

L 
Large enclosures: 

with mtenor sound-absorbing treatment, 
540-551 
analytical model for insertion Joss at 

high frequencies, 541-544 
effect of sound-absorbing treatment, 547. 

548 
fianking transmission tllrougll fioor, 549, 

550 
inside-outside vs. onts:îde-mside 

transrmssion, 549-550 
k:ey parameters influencmg insertion Joss. 

544-545 
leaks, 547, 548 
machine position, 549 
machine vibranon pattern, 549 
wall panel parameters. 545-547 

without intenor sound-absorbing treatment, 
538-540 

Large partltions, sound transrmssion of, 
425-427 

Lateral quadrupole, 349-350 
Leakage, in filtered-x algorithm, 762 
Leakage errors, 54 
Le8ky enclosures, 522 

large, 547, 548 
small, 530-531 

Lecture rooms, 191. See also Ciassrooms 
Levels, 12-18 

average A-weighted sound level, 17 
average sound level, 16 
A-we1ghted sound (n01se) exposure level, 

18 
A-weighted sound pressure leve.l, J.5-16 
day-mght, 17 
equivalent contmuous A-we1ghted, 17 
heanng impau:ment (heanng Joss), 18 
heanng threshold levels: 

associated with age, 18 
associated with age and noise, 18 

for settlng "zero" at eaeh frequency on a 
pure-tone audiometer, 18 

noISe-mduced permanent threshold shift, 18 
overall levels, determining, 22-24 
sound mtensitv level, 14-15 
sound power ievel, 13-14 
sound pressure level, 15, 17 

Level at mid-frequencies (LMF), 896, 897 
Lînear average, 48 
Linear 1solators, massless, 569-570 
Lined ducts, 280-313 
Line sources, 122 
Line spectral fonction, 54-55 
line spectrum, 2 
L-Junctions, reflection loss of ftee bending 

waves at, 408 
Llv1F, see Level at mid-frequencies 
LMS algorithm, 750- 751 

adaptive control based on, 760 
filtered-x, 7 61- 7 62, 771, 77 5 

Logarithrmc decrement, 581, 587 
Longitudinal quadrupole, 350 
Longitudinal waves, 6 

in beams, reflection loss for, 410-411 
resonance of, 640-641 

Long-tenu A-we1gllted sound pressure level, 
139 

Loss factor: 
ctampmg, 584 

4 for panels/unifonn plates, 591 
m p1ping, 630-632 
structural damping, 561 
of three-component beam, 604-606 
of v1scoe1astic material, 595-596 

Loudness, perceived, 900 
Loudspeakers, 729 
Low-noise compressors, 660 

M 
Macllme-mounted enclosures, see Eqmpmenf 

mounted enclosures 
Machinery noise: 

active machinery 1Solat1on, 840-845 
emission measurement standards, 916-918 
mertia bases, 561-562 
prediction of, see Predict10n of machinery 

n01se 
Maclnnery vibration, activ.e control of, 

739-740 
Mach number, 304 
Masking of sound, 205, 206 
Mass, 394, 579 
IY!ass-controlled boundaries, 169 
Mass law, 443 
Massless linear isolators, 569-570 
Massless springs, 395 

in mass-spring-dashpot system, 557-560 
point force impedance for, 394 

Mass-spring-dashpot system, 557-560, 580 
energy dissipation in, 585 

steady-state response of, 584 
tlme vanatlon of, 581 

Matena! dampmg, 589 
Mean-square error (FIR filters), 748-749 
Mean-square (ms) value (vanance), 47-48 

in data analys1s, 47-48 
normalized random error of, 50, 51 

- Mean-square sound pressure: 
and bandwidth convers10n, 10-11 
for complex spectra, 12 
for contignous frequency bands, 8, 9 
of contmuous-spectrum sound, 7, 11 

Measurement environments, 82 
Measurement surfaces, 92 
Mechamcal hysteres1s, 589 
Mechanical 1mpedance, 40, 394-395 
Mecharucal mduced-draft cooling towers, 

666-667 
Mecharucal plant rooms, sound 1Solat1on/n01se 

control m, 709- 710 
Mercury RACE++, 825, 827 
Metallic isolators, 576 
Meteo-BEM, 121 
Meteorology, outdoor sound propagation and, 

139--140 
Meter-kilogram-second (mks) system of umts, 

936 
"Method of image sources, 188-189 
Micrometeorology, 130 
Microphones (for measurements), 102 

for hem1-anechoic spaces, 92-97 
for reverberaoon rooms, 87-88 

Midfrequency average, 896 
MIMO systems, see Multiple-input, 

multiple-output systems 
mks system of umts, 936 
Mobility, (admittance, 43), 396 

measurement of, 588 
rece1ver, 569 
in two-stage ISolation systems, 575-576 

Modal analys1s technique, 159 
Modal damping, 163, 164 
Modal dampmg constant (decrement), 159 
Modal dens1ty, 400-402, 454, 507-508 
Modal energy, 453-455 
Modal parameter extraction instrumentation, 

588 
Modal testmg, 588 
Modern optimal control theory, 781 
Mode silapes, 150, 152-155, 400, 507-508 
Modes of vibration: 

equal energy of, 455 
modal energy, 453-455 
system of modal groups, 453-454 

Monm-Obukhov boundary layer theory, 121 
Monopoles: 

aerodynamic, 611-612, 614 
sound power output of, 34, 35 

Motion s1ckness guidelines, 880 
Movmg-average filters, 743 

Movmg sound sources: 
outdoor, 124-126 

INDEX 

reciproc1ty m movmg, 476-477 
ms, see Mean-square value 
Mufflers, See also Silencers 

combination, 335-338 
expansion chamber, 293-300 
feed pumps, 674 
for mdustnal fans, 670 
perforated-element, 300-311 
steam vents, 677 
transformers, 679 

Multilayer partltlons, sound transrmssion 
through, 443-448 

Multiple-mput, multlple-output (MIMO) 
systems, 740 

feedforward, 754 
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feedforward act1ve locomotive exhaust with 
passive component, 829-840 
actuator number/locat10n, 832-834 
control actuator design, 834-836 
control architecture, 835-836 
hardware selection, 837-838 
performance goals, 831-832 
problem descnptlon, 829-830 
sensor number/location, 832, 834, 835 
system performance, 838-840 

LMS algorithms for, 751 
optimal design of, 777- 779 
Youla feedback architecture in, 783 

Music, exposure cntena for, 867 
Music waves, superpos1tlon pnnciple and, 36 

N 
National Academy of Sc1ences-Nat1onal 

Research Council, Cormruttee on 
Heanng, Bioacoustics and Biomechamcs 
(CHABA), 861-862, 867 

Natural-draft cooling towers, 666 
Natural frequencies, 150, 152-155 

of finite structures, 400 
and horizontal stiffness of isolators, 565 
of mechanical equipment isolators, 711 
for pure vertical vibration, 563 
of rigid and nonngid masses, 563 
for rocking, 564 
m two-stage isolatlon systems, 572-573 

NCB curves, see Balanced noise cntenon 
curves 

NC curves, see Noise critenon curves 
Near field, 76 
NEMA values (transformer nmse level), 678, 

679 
Net oscillatory force, 349 
Neutralizers, 593 
Newton's second law of mot:ton, 25, 26 
Nichols plot, 787- 788, 794 
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NIPTS, see N01se-induced permanent 
threshold shift 

NITTS, see Noise-induced temporary 
threshold shift 

Noise annoyance (in commumties), 907 
Noise-cancellat10n headsets, 736- 738 
Noise control, 345 

active, see Active noise and vibration 
control 

m buildings, acoustlcal standards for, 
926-931 

m classrooms, 196-197 
design standards for, 930-931 
for industrJal workshops, 200-201 
m mechanical plant rooms, 709- 710 
m solîd structures, see Solid structures, 

interaction of sound waves with 
as system problem, 81 

transformers, 679 
in very small enclosures, 145-146 

Noise criterion (NC) curves, 889, 892-894, 
901 

NoJSe exposure: 
A-we1ghted, 858 
cnteria for audio frequency region, 

861-867, 886-906 
duration of, 865-866 

Noise exposure level, Asweighted, 18 
Noise-mduced hearmg Joss, 857, 859 
Noise-induced permanent threshold shift 

(NIPTS), 861-862, 864, 865 
No1se-mduced temporary threshold shift 

(NlTIS), 866, 867 
Noise level, perceivect, 4 
Noise mappmg, computer software for, 139 
Noise power emission level (NPEL), 75n. 
Noise reduction (NR), 284, 286, 345, 

382-387 
active, 345 
acmators, 807 
arr compressors, 662 
coal-handling equipment: 

car shakers, 664 
crushers, 665 
rotary car dumpers, 664 
transfer towers, 665 
unloaders, 664 

cooling towers, 666, 667 
feed pumps, 673 
HVAC systems: 

criteria for noise control m, 886-906 
by duct cross-sectional area changes, 

687, 691 
by duct divisions, 687 
by elbows, 691-693 
for especially quiet spaces, 700- 703 
by plenums, 696-697 
for straight ducts, 686-691 

industrial fans, 669-670 
by mmintlzing added mass, 383-384 

pasSJve, 345-346 
at specific frequenc1es, 384-387 
steam turbmes, 676 
throttling valves, 652-656 
wmd turbines, 680 

Noise rectuction coefficient (NRC), 207 
NoJSe sources, see Sound (noise) sources 
Nondirectional sources, 72, 78 
Nondispersive waves, 391-392 
Nonperiodic steady-state signais, 44 
Nonrecursive filters, 743 
Nonrigid masses: 

natural frequenc1es of, 563 
transmissibility of, 565-567 

Nonstationary random data, 46-47, 49-50 
Non-volume-displacmg sound sources, 

radiation by, 361-377 
• effect of surrounding pomt force by ngid 

pipe, 375-377 
force acting on fluid, 371-375 
response of boundect fluid to pomt force 

exCJtation, 375 
response of unbounded fluid to excitation 

by oscillatmg small rigid body, 363 
m response to excitation of fluid by 

oscillating small rigid sphere, 
363-371 

Nonnal-mcidence sounct transmission, 
427-430 

J)!onnalized LMS algorithm, 751 
Normalized random error, 50, 65 
Nonnal modes, 150 
Normal-mode expansion, 159 
Normal mode of vibration, see Resonance 
Normal specific acoustlcal rmpedance, 41 
Nosoacus1s, 860 
NPEL (n01se power emJss1on level), 75n. 
NR, see Noise reduction 
NRC (noise reduction coefficient), 207 
Nyquist frequency, 53, 54, 57 
Nyquist plots, 583, 585, 786-788, 794, 798, 

799 
Nyquist' s sampling theorem, 815 
Nyqmst stability cntenon, 785 

0 
OAPWL, see Overall sound power level 
OASPL, see Overall sound pressure level 
Oblique-incidence sound transnnssrnn, 

430-433 
Occupational Safety and Health 

Admmistration (OSHA), 862 
Octave-band sounct power level: 

air compressors, 661 
estimates of, 659 
feed pumps, 673 
steam turbines, 676 
with surgmg or large fluctuations, 903-905 

Octave-band sound pressure level, 15, 678 
Octave-band source spectra, 122-123 

Offices: 
closed, sound pressure levels in, 190-191 
cntena for noise control m, 890, 891 
open-plan, 201-208 

One-dimensional wave equation: 
backward-traveling plane wave, 32 
general solution to, 27 -28 
intensity, 31-32 
outwardly traveling plane ,wave, 28-31 
particle velocity, 31 
root-mean-square sound pressure, 31 
solutions to, 27-34 
spherical wave, 32-34 

Open area ratio, 306, 307 
Open-loop system identificat10n, 770- 772, 

774, 775, 827, 828 
Open-plan offices, 201-208 

barners for, 202-203 
design parameters for, 206-208 
rating acoustical pnvacy of, 203-204 
speech and noise levels m, 205-206 
workstatlon acoustical design, 204-205 

Optimal control theory, 781 
Oscillatlng ngid bodies, radiation effic1encies 

of, 418-419 
Oscillating small 11gid bodies: 

fluid' excitation, 363-371 
force actmg on fluid, 371-375 
harmomc exeitation, 363-365 
predicting body length, 366-370 
predicting radiated sound power, 366, 

371 
random excitation, 371 
sound radiation of nonsphencal bodies, 

365 
unbounded fluid, 363 

point force excitation, 375-377 
radiation by, 348-349 

Oscillating spheres, sound power output of, 
34, 35 

Oscillating three-dimens10nal bodies, 
radiatrnn efficienc1es of,. 418-419 

OSHA noise exposure cntena, 862 
OSHA (Occupational Safety and Health 

Admirustration), 862 
Outdoor n01se emiss10ns, from HVAC 

systems, 717-718 
Outdoor sound propagation, ll 9-143 

accounting for meteorology, 139-140 
airborne, 121 
atmosphenc absorptJOn, 136. See also Air 

absorption 
barriers, 132-135 
computer software for noise mapping, 139 
effects of ground cover and trees, 137 
in homogeneous free space over ground, 

120-121, 126-128 
mhOmogeneity of atrnosphere, 129-132 
mteraction of barriers and g;-ound, 137-138 
moving sources, 124-126 

INDEX 

point sources at rest, 120-124 
reflectors and reverberation, 135-136 
refractwn of sound, 129-132 
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relevance of critena for, 119-120 
standard regulations for mteract:Jons, 137 
standards for, 922 
uncerta:mties of, 140-143 

Outwardly traveling plane wave, 28-31 
Overall A-weighted souud pressure level, 17, 

142-143 
Overall level (OA), 22-24 
Overall sound power level (OAPWL): 

air compressors, 661 
arr-cooled condensers, 667 
boilers, 662 
coal-handling eqmpment: 

car shakers, 663 
crushers, 665 
mills and pulvenzers, 665 
rotary car dumpers, 664 
transfer towers, 665 
unloaders, 664 

diesel-engme-powered equipment, 668-669 
feed pumps, 672 
for gas turbine engines, 625 
mdustrJal fans, 670-672 
mdustrial gas turbines, 675 
steam turbines, 676 
steam vents, 676-677 

Overall sound power output ( cooling towers ), 
666 

Overall sounct pressure level (OASPL), 
618-621, 624 

Overlapped processing, 57 

p 
Parabolic equat1on (PE), 121 
Parallel-baffle silencers, 311, 312, 316-325 

baffle thlckness, 324-325 
cross-sectional area, 322 
effect of temperature on, 322-324 
predicting acoustical performance of, 

316-322 
quantitative considerations with, 317 

Parallelepiped array (nncrophones), 93, 95, 
100 

Particle veloc1ty, 5-6 
measurement of, 102-103 
for outwardly traveling plane wave, 31 
for sphencal waves, 33-34 

Partitions, sound transmJss1on by: 
composite partitions, 451 
double-layer partitions, 443-449 
large partitions, 425-427 
multilayer partitions, 443-447 
small partitions, 421-425 

Passive silencers, 279-338 
combmatJon mufflers, 335-338 
dissipative, 311-335 

economJc consideratloris, 335 
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Passive silencers ( contmued) 
effect of flow on silencer attenuatton, 

329-331 
flow-generated noise, 331-333 
key performance parameters, 313-316 
lined ducts, 281-313 
parallel-baffle silencers, 316-325 
pod silencers, 328-329 
predictlon of silencer pressure drop, 

333-335 
round silencers, 325-328 

expansion cilamber mufflers, 293-300 
double-tuned expansion cilamber, 

297-299 
extended-outlet muffier, 294-297 
general design guidelines for, 299-300 
simple expans10n chamber muffler, 

293-294 
perforated-element mufliers, 300-311 

acoustical performance, 303-310 
back pressure, 310-311 
range of variables for, 300-303 

performance metncs for, 281-286 
reactive, 286-293 

representatlon by,,bas1c silencèr elements, 
287-288 

transfer matnces for, 288-293 
Pendulum isolators, 577-578 
Perceived noise level, 49 
Perforated-element mufflers, 300- 311 

acoustlcal performance, 303- 310 
back pressure, 310- 311 
range of variables for, 300-303 

Perforated plates, open area of, 515 
Performance: 

ANVC systems: 
and controller architecrure, 814-817 
goals for, 801-804 

and doors/wmdows/ventilatlon operungs, 
660 

insertion loss as measure of, 522-523 
measures of, 518-519 
qualitative descnption of, 523-525 

Penodic excitation sources, identificatlon of, 
63-64 

Penodic signals, 44 
mean-square value for, 48 
spectral computatlons for, 54 
statistlcal sampling errors with, 59 

Permanent tilreshold shlfts (PTSs), 862 
Penrussible exposure level (PEL), 862 
Phase speed, 391-393 
Pipes: 

fluid flow m, 630-631 
to 1solated mecilanical eqmpment, 714 
with open side branch, sound radiation m, 

355 
transmission loss of, 448-451 

Pipe transnussion Joss coefficient (throttling 
valves), 649-651 

Pipe wrappmgs, 554-555 
Piston-in-cylinder isolators, 577 
Plane boundartes, sound radiation and, 

377-382 
oscillatmg moment m infimte liquid, 

381-382 
pressure-release boundaries, 379-381 
rigid boundanes, 378-379 

Plane waves, 6 
backward-traveling, 32 
outwardly traveling, 28-31 
reflection and transnuss10n at interfaces of, 

403-406 
sound pressure and ,partlcle velocity 

relationsilip, 38 
Plane-wave impedance, 352-354 
Plane-wave transfer matrix method, 280-281 
Plant transfer functions, 770- 771 
Plateau method (sound transmission), 

442-443 
Plates: 

finite, pomt-excited, 420-421 
mfimte, 395-397, 417-418 

effectlve lengtil connecting foree and 
moment 1mpedance, 502 

normal-mcidence plane waves, 427-430 
oblique-incidence plane waves, 430-433 
pomt-exc1ted, 420-421 
random-mcidence sound, 433-439 

,,; mhomogeneous, 438-439 
orthotrop1c, 4 37 -4 38 
perforated, open area of, 515 
power transmissmn from beam to, 410-413 
steel, gauges and weignts of, 513-514 
tllin 1sotrop1c, field-incidence transmission 

for, 435-437 
transmiss10n tilrougil, 395-397 

normal-mcidence plane waves, 427-430 
oblique-mcidence plane waves, 430-433 
random-incidence sound, 433-439 

with vibration break, power transmission 
between, 413-416 

with viscoelastic coatings, 601-602 
with viscoelastic interlayers, 606-607 

Plenums: 
HVAC ducts, 696-697 
for rooftop air conditioning umts, 715 

Plug muffler, 304-311 
Pneumatic 1solators, 577 
Pod silencers, 328-329 
Point force: 

active control of disturbance, 725- 727 
dynamic exc1tatlon by, 393-394 
excitation by sound field vs., 462-465 

Pomt force 1mpedance, 394-396, 496-500 
Pomt mput admittance (mobility), 396 ,, 
Point moment, dyuanuc excitatlon by, 

393-394 
Pomt moment impectance, 394-395, 501 
Point sound sources, 122-124, 361 

Po1sson's ratio, 391, 493 
Pole-zero filters, 744 
Position-keepmg system, 739, 796 
Positlve definite (quadratic functlon), 748 
Power, see Sound power 
Power balance: 

and response of firute strucrures, 399-403 
in tw6-structure system, 456-457 

Power balance equation, 406 
Power law dampmg, 588 
PowerPC (PPC) chips, 825-827 
Power spectral dens1ty (PSD) functions, 

55-58, 172-174 , 
Power spectral dens1ty spectrum, 9 
Power transmission between structural 

elements, 406-416 
from beam to plate, 410-413 
and change in ·cross-sectional area, 

406-407 
plates separated by thin resilient layer, 

413-416 
reflection Joss: 

of bending waves tilrough cross 
JUUCtions/r-,junctions, 409-410 

of free bending waves at L-junctions, 
408 

PPC chips, see PowerPC ohips 
Predictlon of machinery n01se, 659-681 

air compressors, ,660-662 
air-cooled condensers, 667-668 
boilers, 662-663 
coal-ilandling equ1pment, 663-665 
cooling towers, 666-667 
diesel-engme-powered equipment, 668-669 
feed pumps, 672-673 
industrial fans, 669-672 
mdusmal gas Illrbines, 673-675 
steam turbines, 675-676 
steam vents, 676-677 
transformers, 677-679 
wind turbines, 679-681 

Prefabricated sound attenuators, HVAC, 
693-696 

Presbyacus1s, 860 
Pressure, see Sound pressure 
Pressure-residual intens1ty index, 106 
Pnvacy, m open-plan offices, 201-204 
Processor-to-processor communications, 825 
Propagation of sound: 

in f!uids, 351-352 
identifying propagation patbs, 66-69 
outdoor, see Outdoor sound propagation 
m rooms, 182 

Provagation 
m solids, 
velocity vs., 391 

PSD functions, see Power spectral dens1ty 
functtons 

PTSs (permanent tbreshold shifts), 862 
Pulsating small ngid bodies, radiatlon by, 348 

INDEX 957 

Pulsating spilere: 
maximum achievable volume veloc1ty of, 

359-361 
sound radiatlon of, 355 

Pumps: 
feed, predicting noise from, 672-673 
at transformers, 677 

Pure toues, 2 
m continuons spectrum, 7, 8 
and hearing thresholds, 18 
settmg pure-toue audiometers, 18 
and spectral density, 9 

Q 
Quadropoles, aerodynarnic, 613-614 
Quality assessment mdex (QAI), 897-899 
Quantization nmse, 822-823 
Quarter-spherical spaces, directmty index in, 

116-117 

R 
Radiation effic1ency, 418-420, 509-511 
Radiation fields of sources, 75- 77 
Radiatlon impedance of sphere, 364 
Radiatlon of sound: 

by thin plates, 417, 420 
effect of plane boundaries on, 377 -382 

oscillating moment in infirute liquid, 
381-382 

pressure-release boundaries, 379-381 
rigid boundaries, 378-379 

global cancellatlon, 722 
by non-volume-displacing sound sources, 

361-377 
effect of surrounding pomt force by ngid 

pipe, 375-377 
force acting on fluid, 371-375 
response of bounded fluid to point force 

excitation, 375 
response of unbounded fluid to exc1tatlon 

by oscillating small rigid body, 363 
m response to excitation of fluid by 

oscillating small ngid sphere, 
363-371 

by small ngid bodies, 346-355 
acoustical parameters, 351-354 
lateral quadrupole, 349-350 
longitudinal quadrupole, 350 
oscillatlng small rigid bodies, 348-349 
by pipe with open side branch 

representing pulsating sphere, 355 
by piston m ngid tube with open side 

branch, 354-355 
pulsatlng small ngid bodies, 348 
radiated sound power, 351 

m solid structures, 416-421 
• tonal components in, 635 
by vibrating structures, 593-594 
by volume-displacmg sound sources, 

356-361 
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Radiators, elementary, 35-36 
Random-analys1s theory, 172-174 
Ranctom data signals, 45-47 

cross-spectral density fonction, 57-58 
mean values for, 47 
statistical sampling errors with, 59 
tapenng windows with, 57 

Random error, 62 
Random excitation sources, identification of, 

64-66 
Random-incidence (diffuse) sound 

transnnss10n, 433-439 
Random-incidence mass law, 435 
Random sound pressure response, 170, 

172-175 
Ratt1es, acoustlcally mduced, 905, 907 
Rayleigh, Lord, 119, 129 
Raynaud' s phenomenon, 877 
Ray theory, 121 
Ray-tracirig techmques, 189-190, 198 
RC curves, 895-899 
RC filter, 48 
Reactlve silencers, 286-293 

factors in acoustlcal performance of, 
282-283 

representatlon by basic silencer elements, 
287-288 

transfer matrices for, 288-293 
Receiver mobility, 569 
Rec1procity, 162, 465-477 

extens10n to sound excitation of structures, 
473-476 

for higher order excitation 
sources/responses, 512 

m movmg media, 476-477 
predictlon of noise from multiple correlated 

forces, 470-471 
source strength identification by, 471-473 
theorem, 162 

Reconstruction filters, 817-819 
Recursive filters, 744 
Reference quantlties, 12, 19-22 
"Reference Quantities for Acoustical Levels" 

(ANSI Sl.9-1989, Reaffirmed2001), 19, 
20 

Reference sensors (ANVC), 809, 812-813 
Reflection loss: 

for bending waves: 
in beams, 411-412 
and change m cross-sectional area, 407 
at interfaces, 404-405 
free bending waves at L-Junctions, 408 
m plates with vibration break, 415-416 
through cross JUnctions and T-jùnctions, 

409-410 
for compress10n waves: 

and change m cross-sectional area, 407 
m plates with vibrat10n break, 414-415 

for longitudinal waves m beams, 
410-411 

Reflectlon of sound: 
at plane interfaces, 37, 403-406 
by room surfaces, 183 

Reflectors, outdoor, 135-136 
Refractlon of sound, 129-132 
Regularization (ANVC sensors), 814 
RegulatJon filter design (feedback control), 

785-792 
Remforcements, damping due to, 591-592 
Relative bandwidth, 583 
Residual sensors (ANVC), 809-812 
Resonance, 38, 150, 640-643 
Resonance frequenc1es, 165 

of boilers, 663 
of fini te structures, 400, 401, 507 -508 
standing-wave, 570 

Resonance transnnss1on loss, 460 
Reverberant field, see Diffuse (reverberant) 

field 
Reverberatlon: 

in classrooms, 197 
in industrial workshops, 197-198 
outdoor sound propagation, 135-136 
for speech intelligibility, 193 
standards for, 930-931 
with steam turbines, 676 

Reverberatlon rooms, 82, 209-210 
charactenstlcs of, 85-86 
experimental setup for, 87-88 

'l qualificatlon requrrements for, 86-87 
Reverberation time, 175-176, 582 
Reynolds stresses, 119, 613 
Rigid masses, 395, 563. See also 

Three-dimens1onal masses 
Rigid tube with open side branch, sound 

generatlon in, 354-355 
Ring frequency, 500 
Rms sound pressure, see Root-mean-square 

sound pressure 
RNC curves, 899-906 
Road surface sound absorpt10n standards, 924 
Rockmg motions, vertical motlons coupled 

with, 563-564 
Rooftop air conditioning units, 715- 717 
Rooms, sound m, 181-211 

air absorption, 183 
alternative prediction approaches, 187-188 
anechoic and hemi-anech01c chambers, 211 
auralizatlon, 190 
classrooms, 191-197 
criteria for noise control in, 886-907 
diffuse-field theory, 184-187 
domestic rooms and closed offices, 

190-191 
emp1rical models, 190 
and furnishings, 184 
from HVAC ducts, 698-699 
mdustrial workshops, 197-201 
method of image sources, 188-189 
open-plan offices, 201-208 

propagat10n of SOl,lnd, 182 
ray and beam tracing, 189-190 
reverberation rooms, 209-210 
sound decay, 182-183 
surface absorptlon and reflectlon, 183 

Room n01se evaluation: 
engineenng method, 889, 892-894 
precision method, 899-905 
survey method, 888-889 

Root-mean-square (rms) sound pressure, 2 
for contiguous frequency bands, 8, 9 
of contlnuous-spectrum sound, 7, 11 
normalized random error of, 50, 51 
for outwardly traveling plane wave, 31 

Rotary coal car dumpers, 664 
Rotating diffusers, 209-210 
Round silencers, 312, 325-328 
Runmng averages, 49-50 

-s 
SA A/D converters, see 

Success1ve-approXlil!ation A/D 
converters 

Sabine approach ldiffuse-field theory), 
185-186 

Sampling errors, see Statistical sampling 
errors 

Schroeder frequency, 209 
Screech tones, 621, 622 
SEA, see Statistical energy analysis 
Seals, for mechamcal rooms, 710 
Sealed enclosures: 

close-fitting, 531-537 
defined, 522 
small, 525-531 

SECM, see Simple expans10n chamber 
muffler 

Seismic restrauit of eqmpment, 713 
SEL, see Sound exposure level 
Self-noise, 639 
Sensors (ANVC), 730- 732. 

performance of, 813-814 
reference, 809, 812-813 
residual, 809-812 

Separation impedance, 430-434 
Shakers (ANVC), 730 
Shear modulus (v1scoelastic matenal), 391, 

595-596 
Shear parameter (3-component beam), 603 
Sheet Metal and Air Conditionmg National 

Association (SMACNA), 686 
Shock-associated n01se, 616, 621-623 
Shock response spectrum, 55 
Side-lobe leakage, 54 
Sigma-delta A/D converters, 820-822 
Signal-to-noise ratio (SNR): 

ANVC converters, 823-825 
for classrooms, 196 
for open-plan offices, 203-204 
for synchronous averaged signal, 52 
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SU, see Speech intelligibility index 
SIL, see Speech mterference level 
Silencers. See also Mufflers 

active noise control, 280 
defined, 280 
diss1pat1ve mufflers, 314, 315 
downstream of valves, 654, 655 
effect of flow on attenuation, 329-331 
flow-generated noise of, 331-333 
for HVAC ducts, 693-696, 705 
modeling, 283-286 
passive, see Passive silencers 
for rooftop air conditiomng units, 716 
selection factors for, 281-282 

Simple expansion chamber muffler (SECM), 
293-294, 299-300 

Simplified models (noise prediction), 
198-199 

Single-input, single-output (SISO) systems, 
733 

feedback, 779- 781 
feedforward, 754 
filtered-x algorithm for, 762 
LMD algorithm for, 751 

Singular-valued decompos1tion (SVD), 
804-807, 810, 813 

SISO systems, see Single-mput, smgle-output 
systems 

SMACNA (Sheet Metal and Air Conditioning 
National Association), 686 

Small enclosures, sound in, 145-178. See 
also Rooms, sound in 

acoustical modal response, 149-151 
enclosure dnven at resonance, 164-166 
flexible-wall effect on sound pressure, 

166-171 
forced sound pressure response, 159-161 
natirral frequencies and mode shapes, 150, 

152-155 
numencal methods for acoust1cal analys1s, 

156-159 
random sound pressure response, 170, 

172-175 
sealed enclosures, 525-531 
steady-state sound pressure response, 

161-164 
trans1ent sound pressure response, 174-178 
very small enclosures, 145-149 

Small partitions, sound transmission of, 
421-425 

Small rigid bodies: 
oscillatlng, see Oscillatlng small ngid 

bodies 
radiat10n by, 346-355 

acoustical parameters of, 351-354 
lateral quadrupole, 349-350 
longitudinal quadrupole, 350 
pipe with open side branch representing 

pulsating sphere, 355 
piston m ngid tube with open side 

branch, 354-355 
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Small rigid bodies: (contmued) 
pulsatmg bodies, 348 
radiated Sound power, 351 

Smoothmg fi!ters (ANVC) 815 
Snell's law, 405 
Sociacusis, 860 
Soft parameters, 827, 828 
Solids: 

key acoustical parameters of, 493-495 
wave motion in, 390-393 

Solîd structures, mteractJon of sound waves 
with, 389-515 

impact noJ.Se, 477-487 
rmpact n01se 1solahon vs. sound 

transmission loss, 483-486 
=provement of impact noise isolation 

by elastic surface layer, 479-483 
standard tappmg machine, 477-479 

mechanical impedance, 394-395 
power balance and response of fimte 

structures, 399-403 
power mput, 395-399 
power transrmssrnn between structural 

elements, 406-416 
from bearn to plate, 410-413 
and change m cross-sectional area, 

406-407 
plates separated by thin resilient layer, 

413-416 
reflection Ioss of bendîng waves througtJ 

cross JUnctionsff-Jnnctions, 409-410 
reflection loss of free bending waves at 

L-Junctions, 408 
rec1procity, 465-477 

m moving media, 476-477 
prediction of no1Se from multiple 

correlated forces, 470-471 
and sound excitation of structures, 

473-476 
source strength identification by, 

471-473 
reflectlon and transrmssion at plane 

mterfaces, 403-406 
and simultaneous airbome/dynamic 

excitation, 462-465 
sound radiation, 416-421 
sound transrmssion: 

flanking, 451-453 
of large parntions, 425-427 
loss in ducts and pipes, 448-451 
of normal-mcidence waves through 

mfinite plate, 427-430 
of oblique-incidence waves through 

mfirute plate, 430-433 
of randorn-mcidence (diffuse) souud 

througtJ infinite plate, 433-439 
of small partitions, 421-425 
through composite partitions, 451 
through double- and multilayer 

partitions, 443-449 

through firute-size panel, 439-443 
statistical energy analyses, 453-462 

composite structures, 456 
diffuse sound field driving freely hnng 

panel, 457 -459 
equal energy of modes of vibration, 

455 
modal energy, 454-455 
noncorrelatlon between waves m two 

systems, 455 
power balance in two-structure system, 

456-457 
realizahon of equal coupling loss factor, 

456 
SEA method, 459-462 
system of modal gronps, 453-454 
transm1ss1on Joss through simple 

homogeneous structure, 459-462 
superposition, 465-467 
wave motion in solids, 390-393 

Sound absorption, 215-274 
by air m rooms, 1&3 
atmospheric, 136 
design charts for fibrous sound-absorbing 

layers, 254- 264 
monolayer absorbers, 255-259 
mUltilayer absorbers, 261 
thin porous surface 
two-layer absorbers, 

for enclosures, 521 
eq111valent sound absorption area, 99 
large fiat absorbers, 246-265 

normal incidence on porous layer in 
front of rigid wall, 248-251 

oblique sound incidence, 251-254 
plane sound waves at normal mcidence, 

247-248 
limp porous layer, 225-229 
multiple limp porous layers, 229 
by non-sound absorbers, 218-221 
m open-plan offices, 206-207 
by plate and foi! absorbers, 271-274 
by porous bulk materials and absorbers, 

229-246 
acoustical propertles of porous matenals, 

238-239 
analytlcal charactenzation of porous 

granular/fibrous matenals, 238 
empincal prediction of flow resist1v1ty, 

237 
empirical predictlons from re,~e,,sion 

analyses of measured data, 
flow resistance and flow resishv1ty, 

235-237 
plast1c foruns, 244-245 
polyester liber materials, 241, 

243-244 
poros1ty, 231-233 
process of, 231 
and temperature, 245-246 

theoretical prediction of flow res1st1vity, 
237-238 

tortuosity, 232, 234 
process of, 216 
by resonance absorbers, 264- 271 

absorption cross section of individual 
resonators, 266-268 

acoustical 1.mpedance of resonators, 
265-266 

intemal resistance of res9nators, 
268-271 

nonlinearity and grazing flow, 268 
resonance frequency, 266 
spatial 1mpedance of resonator 

arrays, 
by ngid porous layer, 221-225 
by room surfaces, 183 
sound absorption coeffic1ents, 216-218 
standards for, 928-930 
by thm-flow resistive layer m front of rigîd 

wall, 221' 
waveguide absorbers, 593 
for wrappings, 521 

Sound absorption average (SAA), 206-208 
Sotmd attenuation, see Noise reduction; 

Silencers 
Sound barrters, see Bamers 
Sound decay, 182-183, 186 
Sound energy dens1ty, 7 
Sonnd exposure, A-we1gtJted, 18 
Sound exposure level (SEL), 125-126 
Sound generatlon, 345-387 

effect of nearby plane boundaries on, 
377-382 

non-volume-displacmg sound sources, 
361-377 
effect of surrounding point force by ngid 

pipe,,375-377 
force acting on fluid, 371-375 
response of bounded fluid,to point force 

excitation, 375 
response of unbounded fluid to excitation 

by oscillating small ngid body, 363 
m response to excitation of fluid by 

oscillating small rigîd sphere, 
363-371 

reducmg sound radiation, 382-387 
small ngid bodies, 346-355 

acoustical pararneters of, 351-354 
lateral quadrupole, 349-350 
longitudinal quadrupole, 350 
oscillating small rigid bodies, 348-349 
IJy pipe with open side branch 

representing pulsating sphere, 355 
by piston m rigid tube with open side 

branch, 354-355 
pulsating small rigid bodies, 348 
radiated sound power, 351 

volume-displacing sound sources, 
356-361 

INDEX 

Sound intensity, 3-4 
for cylindncal sound source, 4 
defined, 3 

961 

in determimng sound power, 101-112 
free-field approximation for, 79-81 
mstrumentation for measunng, 104-105 
for outwardly traveling plane wave, 31-32 
and sound power, 22 
sound power vs., 14-15 
and sound pressure, 4 
for spherical sound source, 4 
for sphencal waves, 34 
standards for measurement 

instruments/techruques, 914 
Sound intensity analyzer, 103-104 
Sound intensity level, 14-15 

reference quantities for, 19-22 
and sound power level, 22 

Sound isolation, m mechanical plant rooms, 
709-710 

Sound levels, see Levels 
Sound level measurement standards. 

912-914 , 
Sound (noise) sources, 71-117, 887 

aeroacousucal, 611-616 
in classrooms, 192, 196 
cylindrical, 4 
dipole-type, 638 
directional, 72, 73 
directivity of, 113-117 
excitation sources: 

and gam factors, 62-63 
penodic, 63-64 
random, 64-66 

measurement environments for, 82 
nondirectional (monopole), 34, 72 
outdoor: 

moving sources, 124-126 
pomt sources at rest, 122-124 

point (monopole), 34, 361 
radiation by, 35, 361-377 
radiation field of, 75- 77 
sound mtensity: 

free-field approximatlon for, 14, 35, 
79-81 

and sound power, 14, 77-79 
sound power levels, 14, 73- 74 

detennmatton of, 82-85 
m diffuse field, 81, 85-91 
in ducts, 112-113 
envrronmental correctlons 1n 

determimng, 98-101 
m free field, 14, 91-98 
and sound intens1ty, 14, 77-79 
sound intens1ty in detemunmg, 14, 

101-112 
spherical, 4, 5, 35 
volume-displacmg: 

radiation by, 35, 356-361 
in workshops, 199 
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Sound power, 4, 5 
of baffled pistons, 36 
defined, 4, 14 
m diffuse field, 81, 85-91 
of dipoles, 34, 35 
in ducts, 112-113 
m free field, measurement of, 91-98 

anechoic spaces, 97-98 
herm-anechoic spaces, 92-97 
measurement surfaces, 92 

of monopoles, 34 
of oscillating spheres, 34, 35 
radiated, 351 
and sound mtensity, 4, 22, 77-79 

Sound power input: 
in solid structures, 395-399 
to structures, 503-506 

Sound power level, 13-14, 73-74 
defined, 72 
and environmental corrections, 98-101 
envrronmental noise: 

measurement application standards, 
921-922 

measurement method standards, 
920-921 

expression of, 75 
HVAC duct-bome n01se, 685-686 
with unpact noise, 479 
ISO standards for determining, 82-85 
reference quantities for, 19-22 
and sound intensity level, 22 

Sound power measurement standards, 
914-916 

Sound power output: 
air-cooled condensers, 667 
cooling towers, 666 
small boilers, 662 

Sound pressure, 1 
in determinauon of sound power, 4, 91-98 
flexible-wall effect on, 166-171 
forced sound pressure response, 159-161 
and particle velocity, 5-6 
m plane waves, 32, 38 
random sound pressure response, 170, 

172-175 
and sound mtensity, 4 
sound power vs,, 4, 14-15 
space-averaged squared, 7 
for sphencal waves, 32-33 
steady-state sound pressure response, 

161-164 
transient sound pressure response, 

174-178 
Sound pressure level, 15, 17 

A-weigbted, 15-16 
calculation of, 18, 72, 73 
defined, 18, 71 
expression of, 75 
long-term A-we1gbted, 16, 139 
overall A-weigbted, 142-143 

reference pressure for, 19 
reference quantittes for, 19- 22 

Sound propagation: 
in mdustnal workshops, 197, 198 
between office work:stattons, 202, 

204-205 
underwater, 121 

Sound radiation, see Radiation of sound 
Sound spectra, 7 -12 

complex, 12 
contmuous, ï-11 

Sound transrmss1on, see Transmtss1on 
Sound waves, 1- 7 

compress1onal, 6 
mterference of, 36-37 
mverse square law for, 4-5 
longitudinal, 6 
and noise, 1 
and particle veloc1ty, 5-6 
period of, 2 
plane, 6, 28-31 
reflection, 36-38, 404-405 
resonant, 38 
root-mean-square amplitude of, 2 
sound e11ergy density, 7 
and sound spectra, 2-3, See also Sound 

spectra 
speed of, 6 
spherical, 32-34 

'"•~. si) standing, 37-38 
transverse, 6 
traveling, 37 
wave equation, 25-34 
wavelength, Î 

Source dimens10nality, 805 
Space-averaged sound energy density, 7. 
Space-averaged squared sound pressure, 7 
Spacers, 600n, 
Spatial decay rate, 582 
Specific acousttcal rmpedance, 40 
Spectral dens1ty function, 50 
Spectral functtons: 

data analysis, 52-59 
auto (power) spectral density funct10ns, 

55-58 
coherence functions, 58-59 
FFr algorithm, 52-54 
line and Founer spectral funct1ons, 

54-55 
statistical sampling errors, 59 

time domam procedures for, 60 
Spectral method (underwater sound), 121 
Spectral (spectrum) density, 9 
Speech commumcanon metncs standards, 

920 
Speech mtelligibility, in classrooms, 192-193 
Speech mtelligibility index (Sil), 204, 

206-208 
Speech mterference level (SIL), 888, 889, 

892, 893 

Speech pnvacy, 203-204 
and ambient noise levels, 206 
and v01ce levels, 205 

Speech waves, superposition pnnc1ple and, 36 
Speed of sound, 6 

group (energy) speed, 391, 393 
phase speed, 391-393 
propagatlon sp~d vs, velocity, 391 
in solids, 492 

Spherical sound 4, 5, 116 
Spherical waves, 
Spinal inJury, vibratton-related, 857 
Spoiler noise, 631-635 
Spnng 1solators, 712- 713 
Squared correlation coefficu;nt fonction, 61 
Square law damping, 588 
Standards, 911-931 

for architectural noise control in buildings, 
926-931 
acousl1cs, reverberatton, and noise 

control .design, 930-931 
sound absorpnon, 928-930 
sound translniss10n, 926-928 

for cnteria for noise in. rooms, 886-906 
for envrronmental correctlon, 98-101 
finding/seleètmg, 911-912 
hand-translnitted vibration critena, 

881-882 
for B:V AC silencers, 694 
for irnpru:t n01se isolation, 486 
for irnpact of noise in workplace, 918-924 

environmental noise measurement 
applications, 921-922 

environmental noise SPL measurement 
methods, 920-921 

environmental sound propagation 
outdoors, 922 

environmental vibrations, 922-924 
hearing conservation programs, 919 
hearing test equipment/procedures, 

918-919 
speech commumcation metrtcs, 920 

for industrial workshop n01se, 20 l 
for mtensity measurement, 108, 109-112 
for mtensity measurement instrumentatton, 

104, 108 , 
for machinery noise ermssion 

measurements, 916-918 
for noise control by enclosures and cabms, 

517-521 
n01se-induced heanng irnpmrment, 

864-865 
- occupational noise exposure, 864-865 

for outdoor sound, 131, 132, 134-135, 140 
for qualificatlon of reverberation rooms, 

86-90 
for sound level measurements, 912-914 

mtenslty mstruments and measunng 
techmques, 914 

noise-measunng msrrumentation, 
912-914 

INDEX 

SPL measurement techlllques, 
913-914 

for sound power, 82-85 
in anechoic 97-98 
in ducts, 
in hemi-anech01c space, 92-96 
m reverberation rooms, 209-210 

963 

for sound power measurements, 914-916 
for speech mtelligibilicy, 193 
structure-borne whole-body vibratton, 

878-881 
for vehicle extenor/interior noise, 924-926 

extertor noise measurement techmques, 
925-926 

mterior noise measurement techniques, 
924 

road surface sound absorption, 924 
for wind turbmes, 681 

Standard tappmg machine, 477-479 
Standard threshold shift (STS), 862 
Standing-wave resonance frequencies, 570 
Standing waves, 37-38 
Stationary random data; 45-46 
Stationary signais, ms value of, 47-48 
Stattstical energy analysis (SEA), 453-462 

composite structures, 456 
diffuse sound field dnvmg freely hung 

panel, 457-459 
equal energy of modes of vibration, 455 
modal energy, 454-455 
noncorrelation between waves in two 

systems, 455 
power balance in two-structure system, 

456-457 
pnnciple 
realizatton 

456 

455 
equal coupling Joss factor, 

system of modal groups, 453-454 
transrmssion Joss througb srmple 

homogeneous structure, 459-462 
Statistical sampling errors: 

with correlauon functtons, 61 
with mean and ms value calculation, 50-51 
with spectra calculation, 59 

Steady state, diffuse-field theory prediction 
of, 186 

Steady-state drag, 633 
Steady-state particle veloc1ty, 38 
Steady-state response: 

dampmg, 587 
forced vibrations, 582-584 

Steady-state signais: 
ms value of, 47-48 
nonpenodic, 44 

Steady-state sound pressure, 38 
Steady-state sound pressure level, 15, 187 
Steady-state sound pressure response, 

161-164, 167 
Steam turbines, predicting noise from, 

675-676 
Steam vents, predictmg noise from, 676-677 
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Steel plates, gauges and weights of, 
513-514 

Stiffness-controlled boundaries, 169 
Stochastic trans1ents, 46-47 
Strouhal number, 619, 620, 640, 641 
Structural-acous11cal analogy, 156, 158 
Structural-acousttcal coupling, 169-170 
Structural acoustics, 389 
Structural damping, 561, 579-607 

analy11cal models of, 588 
due to boundanes and remforcements, 

591-592 
due to energy transport, 592-594 
effects of, 579-580 
energy dissipation and convers10n, 

589-590 
measurement of, 586-588 
measures of, 580-586 

complex stiffness, 584-586 
decay of unforced vibrations with 

viscous damping, 580-582 
mterrelation of, 586 
steady forced vibrations, 582-584 

models of, 588-589 
retarding force m, 588 
viscoelastic, 594-607 

matetials and material combinations, 
594-595 

mechanical properties of viscoelastic 
matenals, 595-599 

plates with viscoelastic coatmgs, 
601-602 

plates with viscoelastic interlayers, 
606-607 

structures with v1scoelast1c layers, 599 
three-component bearns with viscoelastic 

mterlayers, 602-606 
two-component l:leams, 599-600 

Structural dynamics, 389 
Structure-borne sound, 611 
Structure-borne whole-body vibration ctiteria, 

878-881 
Struts, sound generatlon by, 638-639 
Successive-approximation (SA) A/D 

converters, 820-822, 825 
Superpositlon, 465-467 

with mulüple correlated force mput, 470 
in source strength identification, 471-473 

Supersonic Jets, 621 
Surging m HVAC noise, 903-905 
SVD, see Singular-valued decompos1tion 
Synchronous averaging, 51-52 
Systems of units, 20, 935 
System identification, 769-777, 827 

closed-loop, 771, 772, 774- 776, 827, 
828 

m feedback control systems,. 771- 777 
open-loop, 771, 772, 774, 775, 827, 

828 
System response propemes, identification of, 

62--63 

T 
Tapering fonctions and wmdows, 54-57 
Tapped delay line filters, 743 
Tappmg machine, see Standard tappmg 

maclllne 
Temperature, refraction of outdoor sound and, 

129-130 
Temperature-frequency equivalence 

(viscoe!astlc materials), 597 
Temporary threshold shifts ('ITSs), 862, 869, 

870 
Terminal boxes/valves, HVAC, 707- 709 
Thermal-acoustlcal blanket msu!atlon, 672 
3-dB rule, 859 
Three-dimensional masses, vibratlou isolation 

for, 563-567 
Three-dimens1ona1 silencer analysis, 280 
Three-duct muffler, 304-311 -
Throttling valves, aerodynamic n01se of, 

643-656 
acousttcal efficiency, 647-649 
aerodynarnic noise, 64 3-647 
due to hlgh velocities in valve outlet, 652 
methods of valve noise reduction, 652-656 
pipe transrniss10n loss coefficient, 649-651 

Time constant, 48 
Time history signals, 43-44 
Time-varying signais, 44-45 
Time-varying transfer funct1ons (ANVC 

systems), 771 
ïnne-weighted average (TWA), 862 
T-Junctions, reflecnon Joss of bendiug waves 

through, 409-410 
TL, see Transmission loss 
TNM (Traffic Noise Mode!), 132 
Tonal disturbance control, 754-760 
Tonal n01se: 

boilers, 663 
industrial fans, 669-671 
stearn turbmes, 676 
transformers, 677, 679 
from turbofan 737- 738 

Tonal oscillations, 
Toues: 

m contlnuous spectrum, 7, 8 
pure, 2 
in sound spectra, 2- 3 

Traffic n01se, 124-126, 132 
Traffic Noise Mode! (TNM), 132 
Trailing-edge noise, 640 
Transfer fonction, 62 
Transfer matrices (silencers), 280-281, 

288-293 
cross-secuonal discontmmlles, 289-291 
pipe with uniform cross secnon, 289 
resonators, 291-293 

Transformers: 
actlvc noise control for, 723, 725 
predicting noise from, 677-679 

Transient signais, 45, 55 

Trans1ent sound pressure response, 174-178 
Transmissibility, 557-560 

and damping, 561 
and mema base, 561-562 
and isolat10n effectlveness, 569 
and isolator mass effects, 570 
and machine speed, 562 
of nonrigid masses. 565-567 
with two-stage 1solat1on, 572-574 

Transmission, sound transmiss10n, 71 
flanking, 451-453 
of large partitlons. 425-427 
of small partitlons, 421-424 
loss of ducts and pipes, 448-451 
at plane mterfaces, 403-406 
of small partitions, 421-425 
standards for, 926-928 
structural, 592-593 
through composite partitions, 451 
through double- and multilayer partitions, 

443-449 
through finite-size panel, 439-443 
through infinite plate: 

nonnal-mcideuce ylane sound waves, 
427-430 

oblique-incidence plane sound waves, 
430-433 

random-incidence (diffuse) sound, 
433-439 

Transmiss10n coefficient, 425 
Transmission Joss (TL), 284, 286 

breakin, 450-451 
breakout, 448-450 
classical definiuon of, 439 
for double partitions, 447-449 
for ducts, 448-451 
field-mcidence, 435-436 
offinite panels, 439-443 
flanking, -439-443 
lillpact noise isolation vs., 483-486 
for iuhomogeneous plates, 438-439 
and mass law bamer, 443 
for multilayered partitions, 443-44 7 
nornial-mcidence, 427-430 
oblique-incidence, 430-433 
for orthotropic plates, 437 
for pipes, 448-451 
pipe transmission loss coefficient, 649-651 
random-incidence, 434-435 
resonance, 460 
for smgle partitlons, 442-443 
through partitlons, 425-427 
through simple homogeneous structure, 

459-462 
Transversal filters, 743 
Transverse waves, 6 
Traveling waves, 37 
Travel-limited 1solators, 713 
Trees, outdoor sound propagation and, 

137-139 
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Trigger signal (synchronous averagmg), 52 
TIS, see Tempcrary threshold shifts 
Tuned dampers, 593 
Turbines: 

industtial gas turbmes, 673-675 
steam turbines, 675-676 
wind turbines, 679-681 

Turbofan engme n01se control, 737 - 738 
Turbulent bounctary layer n01se, 626-630 
Two-stage vibration 1solation, 572-576 
Two-structure system: 

noncorrelation between waves in, 455 
power balance m, 456-457 

u 
Ultrasonic waves, 1 
Ultrasound exposure, 859, 860, 869-871, 

873-874 
Uncertainty, m outdoor sound propagation, 

140-143 
Underexpanded Jets, 621 
Underwater sound propagatlou, 121 
Uniform pressure mode, 154, 162 
Umt-area acoustical impedance, 41 
U.S. anned forces heanng conservation 

cntenon, 863, 867, 868, 874 
Umt-sample sequence, 742 
Unweighted (Iinear) averages, 48. 49 
Urban noise, 907-908 

V 
Vacuum bubbles, 385-387 
Vacuum pumps, 660 
Variation, coefficient of, 50 
VDV (vibration dose value), 879 
Vehlcle exterior/intenor noise standards, 

924-926 
Veloc1ty, propagatton speed vs., 391 
Vents, stearn, predictlng noise from, 676-677 
Vertical motions, rocking motions coupled 

with, 563-564 
Vibration break, 413 
Vîbratlon data, 43 
Vibration dose value (VDV), 879 
Vibration-induced white linger (VWF), 877 
Vîbratlon 1solat1on, 557 -578 

active, see Active noISe and vibration 
control 

active macbinery isolatlon, 840-845 
for building mechanical systems, 711- 715 
classical mode!, 557-563 

dampmg effect, 561 
inertia base effects, 561-562 
isolation efficiency, 560 
linutations of, 562-563 
machine speed effect, 562 
mass-sprmg-dashpot system, 557-560 
transmissibility, 557-560 

hlgh-frequency cousiderat1ons in, 567 -572 
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Vibration isolation ( contznued} 
practical isolators, 576-578 
for rooftop arr conditionmg units, 716 
for three-dimensional masses, 563-567 
two-stage, 572-576 
uses of, 557 

Vibration sources: 
acousnc, 905, 907 
loading of, 567-568 

Vibration total value (VTV}, 879 
Viscoelastic damping, 594-607 

beams: 
three-component, with viscoelastic 

interlayers, 602-606 
two-compo11ent, 599-600 

materials and material combinations, 
594-595 

rnechanical propernes of vtscoelastic 
matenals, 595-599 

plates: 
with viscoelastic coatmgs, 601-602 
with viscoelastic inter!ayers, 606-607 

structures with viscoelastic layers, 599 
Viscous dampi11g, 561, 589n. 
Viscous dampmg coefficient, 580 
Viscous damping ratio, 583 
Volume-displacmg sound sources, radiation 

by, 356-361 
Volume velocity, 146-147, 359-361 
Voyager 1ightwe1ght arrcraft, 866 
VTV (vibration total value), 879 
VWF (vibration-induced white finger), 877 

w 
Walls: 

flexible-wall effect on sound pressure, 
166-171 

for mechanical roorns, 710 
Wall pressure wavenumber-frequency 

spectrurn, 627, 629-630 
Wave equation, 25-34, 149 

contlnUity equation in, 27 
equauon of motion in, 25-26 
gas law m, 26-27 
one-dimens1onal: 

backward-traveling p!aue wave, 32 
general solution to, 27-28 
mtens1ty, 31-32 
outwardly traveling plane wave, 28-31 
parucle velocity, 31 
root-meau-square sound pressure, 31 
solutions to, 27-34 
sphencal wave, 32-34 

in rectangular coordinates, 27 
Waveguide absorber, 593 
Wavelength, 7 
Wave motlon (in solids), 390-393 
Wavenumber, 29 
We1ghted averages, 48-49 
WHO, see World Hea!th Organization 
Whole-body vibration effects, 875-877 
Wiener fil ter, 7 49 
Wiener-Khinchine relatlonshlp, 50 
Wind turbines, predicting noise from, 

679-681 
Workplace noise standards, 918-924 
Workshops, see Industrial workshops 
Workstations, sound propagation betwe~n, 

202, 204-205 
World Health Orgauization (WHO), 871, 907 
Wrappmgs, 552-555 

,i acoustical enclosures vs., 521 
c!ose-fitting enclosures vs., 552 
defined, 517 

y 
Youla transfonn, 781-784 
Young·s modu!us, 391, 493, 595 

z 
"Zone of silence," 345, 846, 847 
Zoom transfomis, 57 
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