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the horizontal natural frequency of a pendulum system from Eq. (13.3) if one
replaces X in that equation by the pendulum length. Some commercial isolation
systems combine pendulum action for horizontal isolation with spring action for
vertical 1solation.

Various exotic isolation systems have also been investigated or employed for
special applications. These include systems in which the spring action is pro-
vided by magnetic or electrostatic levitation or by streams or thin films of gases
or liquids.

Active isolation systems (see Chapter 18) have recently received increased
attention. Such systems essentially are dynamic control systems in which the

vibration of the item to be protected is sensed by an appropriate transducer

whose suitably processed output is used to drive an actuator that acts on the item
s0 as to reduce its vibration. Active systems are relatively complex, but they can
provide better isolation than passive systems under some conditions, notably,
in the presence of low-frequency disturbances, attenuation of which by passive
means generally tends to be most difficult.
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14.1 THE EFFECTS OF DAMPING

The dynamic responses and sound transmission characteristics of structures are
determined by essentially three parameters: mass, stiffness, and damping. Mass
and stiffness are associated with storage of kinetic and strain energy, respectively,
whereas damping relates to the dissipation of energy, or, more precisely, to the
conversion of the mechanical energy associated with a vibration to a form (usually
heat) that is unavailable to the mechanical vibration.

Damping mn essence affects only those vibrational motions that are controlled
by a balance of energy in a vibrating structure; vibrational motions that depend
on a balance of forces are virtually unaffected by damping. For example, consider
the response of a classical mass—spring—dashpot system to a steady sinusoidal
force. If this force acts at a frequency that is considerably lower than the system’s
natural frequency, the response is controlled by a quasi-static balance between
the applied force and the spring force. If the applied force acts at a frequency that
is considerably above the system’s natural frequency, the response is controlled
by a balance between the applied force and the mass’s inertia. In both of these
cases, damping has practically no effect on the responses. However, at resonance,
where the excitation frequency matches the natural frequency, the spring and
inertia effects cancel each other and the applied force supplies some energy to
the system during each cycle; as a result, the system’s energy (and amplitude)
increases until steady state is reached, at which time the energy input per cycle
1s equal to the energy lost per cycle due to damping.

In light of energy considerations like the foregoing, one finds that increased
damping results in (1) more rapid decay of unforced vibrations, (2) faster decay
of freely propagating structure-borne waves, (3) reduced amplitudes at resonances
of structures subject to steady periodic or random excitation with attendant reduc-
tions in stresses and increases in fatigue life, (4) reduced response to sound and
increased sound transmission loss (reduced sound transmission) above the comn-
cidence frequency (at which the spatial distribution of the disturbing pressure
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580 STRUCTURAL DAMPING

matches that of the structural displacement), (5) reduced rate of buildup of vibra-
tions at resonances, and (6) reduced amplitudes of “self-excited” vibrations, in
which the vibrating structure accepts energy from an external source {e.g., wind)
as the result of its vibratory motion.

142 MEASURES AND MEASUREMENT OF DAMPING

Most measures of damping are based on the dynamic responses of simple sys-
tems with idealized damping behaviors. Damping measurements typically involve
observation of some characteristics of these responses.

Decay of Unforced Vibrations with Viscous Damping

Many aspects of the behaviors of vibrating systems can be understood in terms of
the simple ideal linear mass—spring—dashpot system shown in Fig. 14.1. If this
systern is displaced by an amount x from its equilibrium position, the massless
spring produces a force of magnitude kx tending to restore the mass m toward
its equilibrium position, and the massless dashpot produces a retarding force of
magnitude cx. Here k and ¢ are constants of proportionality; £ is known as the
spring constant and ¢ as the viscous damping coefficient.

If this system 1s displaced from its equilibrium position by an amount Xy and

then released, the resulting displacement Varies with time ¢ as®
x = Xoe 0 cos(wgt + @) 14.1
provided that { < 1. Here ¢ represents a phase angle, which depends on the

velocity with which the mass is released, and o, and @, represent the undamped
and damped radian natural frequencies of the system. These obey

k
Wy = \/; =2f,  wi=w./1-2 (14.2)

AL
e .

e

i kx c

FIGURE 14.1 System with single degree of freedom: (a) schematic representation of
mass—spring—dashpot system or of a vibrational mode of a structure; (b) free-body dia-
gram of mass. Spring produces restoring force kx; dashpot produces retarding force ¢x.
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with f, representing the cyclic (undamped) natural frequency. The constant ¢ is
called the damping ratio or fraction of critical damping; it is defined as

t=5 ¢ =2vkm = 2mo, (14.3)

where ¢, 18 known as the critical damping coefficients For the small values of ¢
one usually encounters in practice, «wy is sufficiently close to w, so that one rarely
needs to distinguish between the damped and the undamped natural frequencies.
Furthermore, the foregoing expression for w; applies only for viscous damping;
other relations hold for other damping models.

The right-hand side of Eq. {14.1) represents a cosine function with an ampli-
tude Xoe*?* that decreases as time f increases (see Fig. 14.2); its rate of
decrease is fw, and thus is proportional to ¢. However, Eq. (14.1) does not
apply for values of ¢ that equal or exceed unity (or for values of ¢ that equal or
exceed ¢;). For such large values of { or ¢ one obtains a nonoscillatory decay
represented by pure exponential expressions instead of the decaying oscillation
represented by Eq. (14.1). The critical damping coefficient ¢, constitutes the
boundary between oscillatory and nonoscillatory decays.

The logarithmic decrement § is a convenient, time-honored representation of
how rapidly a free oscillation decays. It is defined by*

(14.4)

where X, represents the value of x at any selected peak and X,y represents
the value at the peak at N cycles from the aforementioned one. It follows from
Eq. (14.1) that § = 27 ¢.
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FIGURE 14.2 Time vanation of displacement of mass~spring—dashpot system released
with zero velocity from initial displacement Xgo. Light curve: Undamped system
(¢ =¢ =10); amplitude remains constant at X,. Heavy curve: Damped system
0 <c<e; 0<? <1); amplimde decreases according to x = Xpe %, which is
represented by upper dashed curve. Lower dashed curve corresponds to x = —Xge™ 7%/
Amplitudes X, and X, illustrate values that may be used to calculate logarithmic
decrement from Eq. (14.4) for N = 2.
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The utility of loganthmuc measures of oscillatory quantities has long been
recognized in acoustics, and definitions analogous to acoustical levels have come
into use in the field of vibrations, particularly in regard to measurement. For
example, one may define the displacement level L,, in decibels, corresponding
to an oscillatory displacement x(¢) in analogy to sound pressure level, as

2
L, =10 logy, -’féﬁ (14.5)

ref

where x.r denotes a (constant) reference value of displacement. One may then
define a decay rate A, in decibels per second, and find that for a viscously damped
system?

dL,

A== = 869w, = 5460, (14.6)

Also in analogy to acoustics, one may define the reverberation time Ty as the
time it takes for the displacement level to decrease by 60 dB; thus,

60 1.10

TN T

Because velocity and acceleration levels may be defined in full analogy to the def-
inition of displacement level in Eq. (14.5), the decay rate and reverberation tirae
expressions of Egs. (14.6) and (14.7) alse? apply to these other vibration levels.

If any extended structure that is not too highly damped vibrates in the absence
of external forces at one of its natural frequencies, all points on that structure
move either in phase or in opposite phase with each other, and the structure is
said to vibrate in one of its modes. In addition to the modal natural frequency,
there corresponds to each mode a modal mass, a modal stiffness, and a modal
damping value. With the aid of these parameters the behavior of a modal vibration
may be described in terms of that of an equivalent simple mass—spring—dashpot
system."** Thus, all of the foregoing discussion concerning this simple system
also applies to structural modes.

Of course, extended structures also can exhibit wave motions at a given fre-
quency in which all points are not in or out of phase with each other. Such
motions, which can be described 1n terms of freely propagating waves, also
decrease due to damping. For flexural waves on a beam or for nonspreading
(straight-crested) flexural waves on a plate, the spatial decay rate A,, defined as
the reduction in vibration level per wavelength, obeys® A, = 27.2¢ in decibels
per wavelength.

(14.7)

Steady Forced Vibrations

If the system of Fig. 14.1 is subject to a sinusoidal force F(r) = F cos wt, then
its equation of motion may be written as

mi+cx +kx = F(1) = Fcos wt (14.8)
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One may find its steady-state solution by substituting x(¢) = X cos{wt — ¢) and
solving for X and ¢. Alternatively, one may obtain this solution by taking x(¢) =
Re|[Xe/ |, where j = +/—1 and the complex amplitude or phasor X = Xe /¢
indicates both the amplitude and the phase of the vibration.* In terms of phasors
{and onutting the wating of *Re”), the equation of motion may be written as

(—mo’ + jwc + )X = k ~ma")X =F (14.9)

In the foregoing there has been introduced the complex stiffness -
— } Jki
k=k+ joc=k+k =k 1+—°P (14.10)

which includes information about the system’s damping as well as about it stiff-
ness. By means of either solution approach one may determine that

X X 1 \ 2re
B == tan ({7 =
Flk  Xg¢ /A —=r22+Q2r)? 1—r?
where r = w/w,.

The deflection X = F/k, which was introduced in order to obtain 2 nondi-
mensional expression, 1s the quasi-static or zero-frequency deflection that the
system would experience due to a statically applied force of magnitude F. The
ratio X/ X, which indicates by what factor the amplitude under dynamic exci-
tation exceeds the quasi-static deflection, is called the amplification.

The foregoing respouse expressions (and related ones that imnvolve velocity V
or acceleration A instead of displacement) depend on damping; thus, damping
data may be extracted from corresponding measurements. Two widely used mea-
sures of damping may be derived readily from the amplification expressions of
Eq. (14.11), a plot of which i1s shown in Fig. 14.3. One is the amplification at
resonance, conventionally represented by the letter @ and often simply called
“the Q" of the system.? This corresponds to the value of X/ X, that results if
the excitation frequency o is equal to the natural frequency w, and is related to
the viscous damping ratio by @ = 1/2¢. The second commonly used measure 1s
the relative bandwidth b = Aw/w, ~ 1/Q, where Ao represents the difference
between the two frequencies’ (one below and one above w,; see Fig. 14.3) at
which the amplification is equal to Q/+/2.

In view of Eq. (14.11), the phase lag ¢ also provides a measure of damping. It
is particularly convenient to use phase information in “Nyquist plots,” that is, in
plots of the real and imaginary parts of responses at a number of frequencies, as
iHustrated in Fig. 14.4. These plots are circles or nearly circles, with a diameter
that is equal to Q if the plots are appropriately nondimensionalized.>®

(14.11)

*Note that ¢/° = cosz + jsinz for any real number z. The amplitude X 15 equal to the absolute
vajue of the phasor; that 15, X = iY}.

TThese frequencies often are called the half-power pomts because at these the energy stored in
the system (and that dissipated by it), which 15 proportional to the square of the amplitude fsee

Eq. (14.6)], is half of the maximum value.
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FIGURE 14.3 Steady-state respomse of mass—spring-dashpot system to sinusoidal
force. See Eq. (14.11): @ = value of amplification X/X, at resonance. Relative
bandwidth b = Aw/w, is determined from “half-power points,” that is from frequencies
at which response amplitude is 1/ /2 times the maximum.

If the system of Fig. 14.1 (or a structural mode modeled by it) is subject to
a broadband force (or broadband modal force) rather than a single-frequency
sinusoidal force, then the mean-square displacement ¥ of the mass is given by’

ey

=2

X 1
e T 14.12
wSr@en/ @ % (41
where Sp{w) denotes the spectral density of the force in terms of radian frequency
(i.e., the value of excitation force squared per unit radian frequency interval). Note
that the spectral density in cyclic frequency obeys Sy (f) = 27 Sp{w). The fore-
going equation is exact for excitations with spectral densities that are constant for
all frequencies. It 15 a good approximation for excitations with spectral densities
that vary only slowly in the vicimity of the system’s natural frequency w,; the
spectral density value to be used m the equation then 1s that corresponding to w,.

Energy; Complex Stiffness

All of the measures of damping discussed so far are based on the motions of
simple systems. However, since damping pertains to the dissipation of energy,
damping measures that relate to energy are more basic and more general.

The damping capacity  is defined as the ratio of the energy that is dissipated

per cycle to the total energy present in the vibrating system. The loss factor n
18 defined similarly as the ratio of the energy that is dissipated per radian to the
total energy. If D denotes the energy dissipated per cycle and W the total energy
in the system, then

¥ D

n:j?;:;erW

(14.13)
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FIGURE 14.4 Nyqust plots of nondimensional responses of viscously and structurally
damped mass—spring—damper systems. (a) Real and imagiary parts of amplification
X/ Xq. (b) Real and imaginary parts of mobility Vk/Fwy, = Ve /2F . Amplification plot
for structural damping and mobility plot for viscous damping are exact circles; others are
approximate circles that become more nearly circular with decreased damping. Diameter
is exactly or approximately equal to Q. Figure plots correspond to § = 0.2, n = 0.4,

These expressions apply for any damping mechanism. However, it is interesting
to relate them to the special case of a viscously damped mass—spring-dashpot
system like that of Fig. 14.1. In this system the energy dissipated corresponds
to the work that 1s done on the dashpot, and one may readily determine that
the energy dissipated per cycle in a steady vibration at radian frequency w and
displacement amplitude X obeys D == rweX?. The total energy W stored by the
system consists of the kinetic energy Wi, of the mass and the potential (or strain)
energy Wpee in the spring. If the energy dissipated is small compared to the total
energy stored, then W is approximately equal to the energy stored i the spring
when the kinetic energy is zero—that is, when the spring is displaced to the full
extent of its amplitude—and W = Wign + Wy & kX?/2.
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Thus, one finds by use of Eqgs. (14.3) and (14.13) that for a viscously damped
system
Lwc 2w

k Wy

=2 (14.14)
From Eq. (14.10) one finds that

E=k(l+jn  k/k=rn (14.15)

Equation (14.14) indicates that for the particular case of a viscously damped
system the loss factor ts proportional to the frequency. In cases where the loss
factor exhibits some other frequency dependence, Eqs. (14.13) and (14.15) still
apply—and Eq. (14.11) holds if 2r¢ is replaced by 7. These equations then
permit one not only to consider the case of structural damping, which is char-
acterized by a constant loss factor, but also to take into account experimentally
determined frequency variations of the loss factor.

Interrelation of Measures of Damping
The following relations apply at all frequencies:

Vo E i gl (14.162)

TE o Tk

P,

but the relations of Eq. (14.16b) are exaété only at resonance:

1

n= 5 =2¢ and n & b for small damping (14.16b)

For systems with viscous damping,

§ 2.20 A Ay

2 == = T e
g 7 fals 273f, 136 (14.16¢)

For systems with small damping, one may take n ~ 27, consider that the system

behaves approximately like a viscously damped one, and use the relations of
Eq. (14.16¢).

Measurement of Damping

Most approaches fo measurement of the damping of structures are based on
the previously discussed responses of simple systems, which, as has been
mentioned, also correspond to those of structural modes. However, unlike
mass—spring—dashpot systems, structures have a multiplicity of modes and
corresponding natural frequencies. Therefore, many of the approaches applicable
to simple systems can be applied only to structural modes whose responses can
be separated adequately from those of all others because of differences in their
natural frequencies or mode shapes.
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Measurement of logarithmic decrement § typically 1s applicable only to the
fundamental modes of structures for which a clear record of the amplitude-versus-
time trace can be obtained. If more than one mode is present, their decaying
responses are superposed and the record becomes difficult to interpret.

The counting of peaks that 1s required for determination of the logarithmic
decrement from Eq. (14.4) is not needed if one focuses on the decaying signal’s
envelope. For purposes of evaluating this envelope it is particularly convenient
to use a display of the logarithm of the rectified amplitude versus time. Rectifica-
tion 18 needed because the logarithm of negative numbers is undefined. In such a
logarithmic display the envelope becomes a straight line whose slope is propor-
tional to {a, and thus to the decay rate. Not only does measurement of the slope
enable one to evaluate the damping, but also observation of deviations of the
envelope from a straight line permit one to judge whether the structure’s damp-
ing is indeed viscous and amplitude-independent and whether a superposition of
responses with different decay rates is present.

Determination of decay rates is useful also in frequency bands in which a
multitude of modes are excited. A typical measurement here involves excitation
of a structure by a broadband force mn a given frequency band, cutting off the
excitation, then observing the envelope of the logarithm of the rectified signal
obtained by passing the output of a transducer (usually an accelerometer) through
a bandpass filter® tuned to the excitation band. The center frequency of this
passband may be taken to represent w, for all modes in the band. Some judgment
in interpreting the resulting envelopes and averaging of results from repeated
measuremenis 1s generally required because different modes in the band may
exhibit somewhat different decays.

A conceptually straightforward approach to measuring the damping of a struc-
ture involves the application of Eq. (14.13) to observed values of the energy
disstpation and total vibrational energy W present in a structure in the steady
state.® The structure is excited via an impedance head or a similar transducer
arrangement that measures the force and motion at the excitation point. The
mstantaneous force and velocity values are multiplied and the product is time
averaged to vield the average energy input per unit time, which is equal to the
energy dissipated per umit tume under steady-state conditions. For a given exci-
tation frequency f., the energy D dissipated per cycle is equal to 1/f times the
energy dissipated per unit time.,

The energy W stored m the structure may be determined from its kinetic
energy, which may be calculated from information on its mass distribution and
from velocity values measured by a suitable array of accelerometers or other
motion transducers. This measurement approach requires particular care in instru-
mentation selection and calibration, but it has a significant advantage: Because
it involves direct measurement of the dissipated energy, it does not rely on any

*The filter’s response must be fast enough so that 1t can follow the decaymng signal; otherwise one
observes the decay of the filter response mstead of that of the structural vibration. Filters with wider
passbands need to be used to observe the more rapid decays associated with greater damping.



588 STRUCTURAL DAMPING

particular model of dissipation. It also permits one, for example, to investigate
how the loss factor varies with amplitude.

Force-and-motion transducer combinations may also be employed for the
direct measurement of complex impedance or mobility (or of other force—motion
ratios), from which damping information may be extracted, typically on the basis
of Nyquist plots. Much corresponding specialized modal testing or modal param-
eter extraction instrumentation and software has recently become available.

Simple steady sinusoidal response measurements may also be made to measure
Q and the half-power point bandwidth b directly on the basis of their definitions.
These measurements require particular care to ensure that the near-resonance
response of the mode of interest is not affected significantly by the responses of
other modes with resonance frequencies near that of the mode of interest.

14.3 DAMPING MODELS
Analytical Models

Most of the foregoing discussion has dealt with “viscous” damping, where energy
dissipation results from a force that is proportional to the velocity of a vibrating
system and that acts opposite to the velocity. This viscous model of damping
action has been used most widely because it results in relatively simple lin-
ear differential equations of system motion and because it yields a reasonable
approximation to the action of some real systems, particularly at small amplitudes.

Among the many other models that haveé received considerable attention, most
also involve a motion-opposing force that is a function of velocity. In dry friction
or Coulomb damping, the force is constant in magnitude (but changes its alge-
braic sign when the velocity does). In square law and power law damping the
force magnitude is proportional to the square or to some other power of veloc-
ity. Of course, modern numerical methods also permit one readily to analyze
models involving other velocity dependences, such as one might obtain from
corresponding experiments.

Whereas in viscous damping the retarding force is proportional to the velocity,
in structural damping the retarding force is proportional to the displacement. As
has been mentioned, structural damping is characterized by a constant loss factor
7 and the dimensionless response relation for a system with structural damping
is given by Eq. (14.11) with 2r¢ replaced by 7. Because of the difference in
the retarding forces, a structurally damped system behaves differently from a
viscously damped one, except near the natural frequency. The structural damping
model is often extended to loss factors that vary with frequency as determined
from experimental data. With the appropriate frequency dependence of the loss
factors, the structural damping model can be made to represent the sinusoidal
response of viscously damped systems—and, indeed, of any system whose loss
factor 1s independent of amplitude.*

*Caution is required if one wants to undertake transformations from the frequency to the time domain.
Not all conceivable frequency vanations of the loss factor lead to physically realizable results; e.g.,
some imply system motions that begin before application of a force.’
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Applicability of Models

If one desires to determine the precise response of a system to a prescribed exci-
tation, one generally needs to have a complete description of all forces, including
the damping forces; that is, one needs a damping model that corresponds to the
actual system. This is true, for example, if one wants to study the “wave shape” of
the motion of a screeching brake or a chattering tool or if one needs to determine
the response of a system to a transient, such as a shock.

In many practical instances, however, the details of the system’s motion are
of no interest and only the amplitudes are of concermn. As has been mentioned,
under steady resonant or free decay conditions (and in a few other situations),
the amplitudes are established essentially by the energy in the system. For such
conditions, the details of the damping model are unimportant as long as the model
gives the correct energy dissipation per cycle. It is for this reason that.measures
of damping that involve only energy considerations have found wide acceptance.*

14.4 DAMPING MECHANISMS AND MAGNITUDES

Since damping involves the conversion of energy associated with a vibration to
other forms that are unavailable to the vibration, there are as many damping
mechanisms as there are ways to remove energy from a vibrating system. These
include mechanisms that convert mechanical energy into heat, as well as others
that transport energy away from the vibrating system of concern.

Energy Dissipation and Conversion

Material damping, mechanical hysteresis, and internal friction refer to the con-
version of mechanical energy into heat that occurs within materials due to
deformations that are imposed on them. This conversion may result from a vari-
ety of effects on the molecular, crystal lattice, or metal grain level, including
magnetic, thermal, metallurgical, and atomic phenomena.!® Figure 14.5 indicates
the ranges of the loss factors reported for some common materials.

Damping of a vibrating structure may also result from friction associated with
relative motion between the structure and solids or fluids that are in contact
with it. Also, an electrically conductive structure moving in a magnetic field is
subject to damping due to eddy currents that result from the motion and that are
converted into heat.

A granular material, such as sand, placed in contact with a vibrating structure
tends to produce damping by two different mechanisms. At small amplitades,
damping results predominantly from interaction of asperities on adjacent grains
and the attendant energy loss due to mechanical hysteresis. At large amplitudes,

*Equivalent viscous damping, defined as viscous damping that results in the same energy dissipation
as the damping actually present in the system, is often used in analyses. This damping model
obviously should not be used where details of the system motion are of concern.
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FIGURE 14.5 Typical ranges of material loss factors at small strains, near room tem-
perature, at audio frequencies. The loss factors of metals tend to increase with stramn
amplitude, particularly near the yield pount, but the loss factors of plastics and rubbers
tend to be relatively independent of strain amplitude up to strains of the order of unity.
The loss factors of some materials, particularly those that can flow or creep, tend to vary
markedly with temperature and frequency.

damping results predominantly from impacts between the structure and the grains
or between graings; these impacts produce high-frequency vibrations of the struc-
ture and of the granular material, and the energy that goes into these vibrations
(which eventually is converted to heat) is no longer available to the structural
vibrations of concern.!! Tmpact dampers, in which a small element is made to
rattle agamst a vibrating structure, similarly rely on conversion of the energy of
the vibrating structure to higher frequency vibrations.
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Damping due to Boundaries and Reinforcements

For panels or other structural components that may be considered as uniform
plates, one may estimate the loss factor 7, associated with energy loss at the
panel boundaries, due to both energy transport to adjacent panels and dissipation
at its boundaries, from information on the boundary absorption coefficients.*? For
a papel of area A vibrating at a frequency at which the flexural wavelength A on
the panel is considerably shorter than a panel edge, this loss factor is given by

A
=5y 3wl (14.17)

where y; denotes the absorption coefficient.of the ith boundary increment whose

length is L, and where the summation-extends over all boundary increments.
At frequency f the flexural wavelength on a bomogeneous plate of thickness

A of a material with longitudinal wave speed ¢;, and Poisson’s ratio v is given

by 2 = Gr/vDher /f(1 - 7).

The absorption coefficient ¥ of a boundary element is defined as the fraction
of the panel bending-wave energy impinging on the boundary element that is
not returned to the panel. Although the absorption coefficient values associated
with a given boundary element rarely can be predicted well analytically, they
can often be deterrmned experimentally. For example, one might add a boundary
clement of length Ly to a panel, measure the resulting loss factor increase An
at various frequencies, and calculate the absorption coefficient values y, of this
boundary element from yo = (An)n?A/rLg, which follows from Eg. (14.17).
Both Eq. (14.17) and the expression for y are based on the assumption that
the absorption coefficient of a boundary element is independent of its length, an
assumption that generally holds true if the wavelength A is considerably smaller
than the element length.

Equation {14.17) also permits one to account for the darping effects of linear
discontinuities, such as seams or attached reinforcing beams, on panels, pro-
vided one knows the corresponding absorption coefficients. Since plate waves
can impinge on both sides of a discontinuity located within the panel area, for
such a discontinuity location one needs to use in Eq. (14.17) twice the actual
discontinuity length.

The energy that beams or reinforcements attached to a panel can dissipate, and
thus the damping they can produce, depends markedly on the fastening method
used. Metal beams attached to metal panels or seams in such panels generally
produce little damping if they are continuously welded or joined by means of
a rigid adhesive. However, they can contribute significant damping if they are
fastened by a flexible, dissipative adhesive or if they are fastened at only a number
of points, for example, by rivets, bolts, or spot welds. At high frequencies, at
which the flexural wavelength on the panel is smaller than the distance between
fastening points, damping results predominantly not from interface friction but
from an “air-pumping” effect produced as adjacent surfaces (at locations between
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the connection points) move away from and toward each other. Energy loss here
is due to the viscosity of the air or other fluid present between the surfaces.>~13

The high-frequency absorption coefficient corresponding to a beam that is
fastened to a panel at a multitude of points may be esumated from the experi-
mental results summarized in Fig. 14.6, which shows how the beam’s reduced
absorption coefficient y, varies with reduced frequency f, or with the ratio d/A
of fastener spacing to plate flexural wavelength. These reduced guantitics, defi-
nitions of which are given in the figure, account for the absorption coefficients’
dependence on beam width w, plate thickness 4, fastener spacing 4, and longitu-
dinal wave speed ¢ in the plate material by relating these to reference values of
these parameters (indicated by the subscript 0). It should be noted that Fig. 14.6
pertains to panels immersed 1n air at atmospheric pressure; lesser absorption coef-
ficient values apply for panels at reduced pressure and higher values for panels at
greater pressures. A theory is available!® to account for the effects of atmospheric
pressure changes and for other gases or liquids present between the contacting
surfaces.

Damping due to Energy Transport

Structural Transmission. Energy that is transported away from a vibrating
structure constitutes energy lost from that structure and thus contributes damping.
Energy transport may occur 1o neighboring structural elements or to flnids in

contact with the vibrating structure.
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For example, a panel that is part of a multipanel array (such as an aircraft
fuselage) is damped not only due to energy dissipation within the panel but also
due to energy transport to adjacent panels. Energy transport makes it very diffi-
cult in practice to measure the dissipative damping of a structural component that
is connected to others. Energy transported via the supports of test samples also
tends to contaminate laboratory measurements of dissipative damping, poten-
tially introducing large errors in measurements on samples: Mlth small inberent

damping.

If a structural element is attached to a vibrating structure at a given point, then
the energy D that 1s transported to the attached stracture per cycle at frequency
f 18 given by
VZ Re[Z4]

2f

Here Vg denotes the amplitude of the velocity of the vibrating structure at the
attachment point before the added structure 15 attached; Z4 denotes the driving-
point impedance of the attached structure, and Zg denotes the impedance of the
vibrating structure at the attachment point (with both impedances measured in
the direction of Vs). The loss factor contribution due to an attached structure
then may be found by use of Eq. (14.13).

A waveguide absorber is a damping device that is intended to conduct energy
away from its attachment point and to dissipate that energy. Such an absorber
consists essentially of a structural element along which waves can travel and
which includes means for dissipating the energy fransported by these waves.
For example, a long slender beam (which may be straight or coiled in some
fashion) that is made of a ughly damped plastic or coated with a high-damping
material may serve as a waveguide absorber at frequencies considerably above
its fundamental resonance. To be effective, a waveguide absorber must support
waves in the frequency range of interest, it must be attached at a point where the
vibrating structure moves with considerable amplitude, and its impedance must
be such that it does not excessively reduce the vibrating structure’s motion at the
attachment point.'6

A tuned damper, often also called a dynamic absorber or neutralizer, may be
visualized as a mass—spring—damper system whose spring base is attached to a
point on a vibrating structure. In the region near its natural frequency a tuned
damper tends to impede the motion of the attachment point and to dissipate
considerable energy; outside this frequency region, the damping effect of such a
damper typically is small. Any system, such as a beam or plate, which exhibits
a resonance at the frequency of concern, can act as a tuned damper at that
frequency. Considerable damping of a plate over a relatively wide frequency
range can be obtained by distributing a number of small tuned dampers with
slightly different natural frequencies over the plate surface.!’

7 -2
1+Z—’;’

D= (14.18)

Sound Radiation. Sound radiated by a vibrating structare transports energy
from the structure and thus contributes daroping. For a homogeneous panel of



594 STRUCTURAL DAMPING

thickness s and material density p,, one may calculate the panel’s loss factor
ng at frequency f due to sound radiation from one side of the panel from its
radiation efficiency o by use of the relation'*

F C
= o
= 2 fh

(14.19)

where p and ¢ denote the density of the ambient medium and the speed of sound
in it, respectively. If the panel can radiate from both of its sides, g is twice
as great as indicated by Eq. (14.19). The magnitude of the radiation efficiency
o depends on the vibratory velocity distribution on the panel, as well as on
frequency, and thus generally is different for different excitation distributions.

For a plate that has little mhare:nt damping and that is excited at a single pomt
the radiation efficiency o obeys!®

(Ue/a*Af)NTIf: for f < f.
o= 045/Uf./c for f = f. (14.20)
1.0 for f» f

where A denotes the panel’s surface area (one side), U 1ts circumference, and f;
the coincidence frequency. This frequency, which is defined as that at which the
plate flexural wavelength 18 equal to the acoustical wavelength in the ambient
medium, is given by £, & ¢?/1.8hcy, Where ¢, represents the longitudinal wave
speed in the plate material. More detailed information on radiation efficiency is
provided in Chapter 11. Equation (14.20) may be used for the general estimation
of radiation efficiency values for plates that are not too highly damped. This
equation also provides a reasonable estimate of the radiation efficiency of rib-
stiffened plates if twice the total rib length is included in the circumference U

14.5 VISCOELASTIC DAMPING TREATMENTS

Viscoelastic Materials and Material Combinations

Materials that have both damping (energy dissipation) and structural (strain
energy storage) capability are called “viscoelastic.” Although vurtually all mate-
rials fall into this category, the term is generally applied only to matertals, such
as plastics and elastomers, that have relatively high ratios of energy dissipation
1o energy storage capability.

Structural materials with high strength-to-weight ratios typically have little
inherent damping, as is evident from Fig. 14.5, whereas plastics and rubbers that
are highly damped tend to have relatively low strength. This circumstance has
led to the consideration of combinations of high-strength materials and high-
damping viscoelastic materials for applications where both strength and damping
are required. Additions of viscoelastic materials to structural elements have come
to be known as viscoelastic damping treatments.
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If a composite structure is deflected, it stores energy via a variety of deforma-
tions (such as shear, tension and compression, flexure) in each structural element.
If n; denotes the loss factor corresponding to the ith element deformation and

W; represents the energy stored in that deformation, then the loss factor n of the
entire structure (}beys

7= Z’”‘ﬁé" (14.21)

where Wy == 3~ W; denotes the total energy stored in the structure, The foregoing
expression indicates that the loss factor n of the composite structure is equal
to a weighted average of the loss factors corresponding to all of the element
deformations, with the energy storages serving as the weighting factors. This
expression also leads to an important conclusion: An element deformation can
make a significant contribution to the total loss factor only if (1) the loss factor
associated with it 1s significant and (2) the energy storage associated with 1t is a
significant fraction of the total energy storage.*

Mechanical Properties of Viscoelastic Materials

Because viscoelastic materials have both energy storage and energy dissipation
capability, it is convenient to describe their behavior in terms of elastic and
shear moduli that are complex quantities, in analogy to the defimition of the
complex stiffness introduced in Eq. (14.10). The complex Young’s modulus E
of a material, defined as the ratio of the stress phasor to the strain phasor, may
be written as'® E = Ep + jE; = Eg(1 + jng), where the real part Ex is called
the storage modulus, the imaginary part E; is called the loss modulus, and the
loss factor 55 associated with Young’s modulus is equal to E;7/Eg. A completely
analogous definition applies to the complex shear modulus.”

For plastics and elastomers, the viscoelastic materials of greatest practical
interest, the real and imaginary moduli as well as the loss factors vary con-
siderably with frequency and temperature. However, these parameters usually
vary relatively little with strain amplitude, preload, and agmng.'® The loss factor
associated with the shear modulus typically is equal to that associated with the
Young’s modulus for all practical purposes, so that one generally need not distin-
guish between the two. Also, since most of the viscoelastic materials of practical
interest are virtually incompressible, the shear modulus value is nearly equal to
one-third of the corresponding Young’s modulus value. One may also note that
often n% < 1, so that |E| &~ Ep

*Equation (14.21) applies precisely only for cases where all energy storage elements are deflected
in phase, so that they reach their maximum energy storages at the same instant.

TAn advantage of the complex modulus representation is the ease with which it enables one to
incorporate damping in an analysis. Oue merely needs to replace the real moduli m the undamped
formulation of a problem by the corresponding complex moduli—or, equivalently, to replace the
real stiffnesses by the corresponding complex stiffnesses—to obtain a formulation of the problem
that mcludes damping. This approach applies for lumped-parameter dynamic systeras as well as for
continuous systems and can take account of different values of damping in different elements and
matenals.
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Figure 14.7 shows how the (real) shear modulus and loss factor of a typical
viscoelastic material vary with frequency and temperature. At low frequencies
and/or high temperatures, the material is soft and mobile enough for the strain to
follow an applied stress without appreciable phase shift so that the damping is
small; the material is said to be in its “rubbery” state. At high frequencies and/or
low temperatores, the material is stiff and unmmobile, may tend to be brittle, is
relatively undamped, and bebaves somewhat like glass; i is said to be in its
“slassy” state. At intermediate frequencies and temperatures, the modulus takes
on intermediate values and the loss factor is highest; the material is said to be in
its “transition” state.

Thus material behavior may be explained on the basis of the interactions of the
long-chain molecules that constitute polymeric materials. At low temperatures,
the molecules are relatively inactive; they remain “locked together,” resulting
in high stiffness, and because they move little relative to each other, there is
little intermolecular “friction” to produce damping. At high temperatures, the
molecules become active; they move easily relative to each other, resulting in low
stiffness, and because they interact little, there is again little energy dissipation
due to intermolecular friction. At intermediate temperatures, where the molecules
have intermediate relative motion and mteraction, the stiffness also takes on an
mtermediate value and the loss factor 1s greatest. A similar discussion applies to
the effect of frequency on the material properties, with the inertia of the molecules
leading to their decreasing mobility and interaction with increasing frequency.
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FIGURE 14.7 Dependence of shear modulus and loss factor of a polyester plastic
on frequency and temperature®; (@) functions of frequency at constant temperature;
(b) 1sometric plots on temperature—frequency plane. Note logarithmic frequency axes.
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The observation that there exists a temperature—frequency equivalence, namely
that an appropriate temperature decrease produces the same effect as a given fre-
quency mncrease, has led to the development of convenient plots in which data for
the frequency and temperature variations of each material modulus collapse onto
single curves.'™?! This collapse is achieved by plotting the data against a reduced
frequency fr = fa(T), where «(7T) 1s an appropriately selected function of tem-
perature T'. In presentations of data in this form the function «(7') may be given
analytically, 1n a separate plot or, as has recently been standardized®??, in the
form of a nomogram that is superposed on the reduced data plot. Figure 14.8
is an illustration of such a plot and nomogram; its use is explained in the
figure’s legend.

Data on the properties of damping materials are available from knowledgeable
suppliers of these materials. Compilations of data appear in references 10, 21,
and 24. Key information on some of these materials appears in Table 14.1 in a
form that 1s useful for preliminary material comparison and selection for specific
applications in keeping with the concepts discussed in the later portions of this
chapter. For each listed material the table shows the greatest loss factor value 7max
exhibited by the material and the temperatures at which this value is obtained at
three frequencies. The table also lists three values of the modulus of elasticity:
Ejnax. the greatest value of Young’s modulus, applies at low temperatures (i.c.,
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FIGURE 14.8 Reduced frequency plot of elastic modulus E and loss factor # of “Syl-
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TABLE 14.1 Properties of Some Commercial Damping Materials®

Maximum Temperature
Loss CFy? Flastic
Factor for fmax at Moduli (psi)*
Material Nmax 10 Hz 100 Hz 1000 Hz Epue Emie Eoons £rmax
Antiphon-13 1.8 25 75 120 3e5 1.2e3 1.9¢4 3.e3e
blachford Aquaplas 0.5 50 80 125 1.6e6 3e4 22e5 l.leS
Barry Controls H-326 0.8 —40 =25 —-10 6e5  3e3 4.2e4 34e4
Dow Corning Sylgard 188 0.6 60 80 110 2.2ed4  3e2 2.6e3 1.5¢3
EAR C-1002 1.9 23 55 90 3e5 2e27.7e3 1.5¢4
EAR (C-2003 1.0 45 70 100 Re5 6e2 2.2e4 2.2e4
lord LD-400 0.7 50 80 125 3e6 3.3¢3 le5  Ted
Soundcoat DYAD 601 1.0 15 50 75 3e5 1.5¢2 6.7e3 6.7e3
Soundcoat DYAD 606 1.0 70 100 130 3GS 1.2e2 6e3  6e3
Soundcoat DYAD 609 1.0 125 150 185 2e5 6e2 1.1ed 1.led
Soundcoat N 1.5 15 30 70 3e5 Tel 4.6e3 6.9¢3
SM ISD-110 1.7 80 115 150 3e4 el le3 1.7e¢3
3M ISD-112 1.2 10 40 80 1.3e5 8el3.2e3 3.9e3
3M ISD-113 11 —-45 =20 15 1.5e5 3e22.1e2 23e2
3m 468 " 0.8 15 50 85 14e5 3el 2e3 1.6e3
3M ISD-830 1.0 ~75 =50 -20 2e5 1.5¢2 5.5¢3 5.5e3
GE SMRD 09 50 30 125 235 5e3 3.9e4 3.5e4

4 Approximate values taken from curves in Ref. 11°
#To convert to °C, use the formula °C == (g}("F — 32) or the approximate table below:

°F —80 —60 —40 -20 ¢ 20 40 60 80 100 120 140 160 180 200
°C -62 —-51 —40 ~29 18 -7 4 16 27 38 49 60 71 & 93

“Numbers shown correspond io storage (real) values of Young's modulus, except that E; g rep-
resents the maximum values of the loss (imaginary) modilus. Eng applies for low temperatures
and/or high frequencies. Eyy, applies for bigh temperatures and/or low frequencies. Evns and By max
applies 1 the range of 7. Divide by 3 torobtain the comresponding shear modulus values.

To convert to N/m?, multiply tabulated values by 7 x 10°. The aumber following e represents the
power of 10 by which the number preceding e is to be multiplied; e.g., 1.2e3 represents 1.2 x 10°

temperatures considerably below those corresponding (0 7max); Fmm. the smallest
value of E, applies at high temperatures; the transition value Ey,ps applies in the
Nmax Tange; and E7max & Npax Fuags, the maximum value of the loss modulus,
applies 1n the transition range.

It is important to keep in mnd that the mechanical properties of polymeric
materials, including plastics and elastomers, tend to be more variable than those
of metals and other classical structural materials. Some of this variability resulits
from a polymer’s molecular structure and molecular weight distribution, which
depend not only on the material’s chemical composition but also on its processing.
Additional variability results from the various types and amounts of plasticizers
and fillers that are added to most commercial materials for a number of practical
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purposes. Thus, it is quite common for nominally identical polymeric materials to
exhibit considerably different mechanical behaviors. It may also occur that even
material samples from the same production run have considerably different loss
factors and moduli at frequencies and temperatures at which they are intended

to be used, pointing toward the need for careful quality control and performance
verification for critical applications.

Structures with Viscoelastic Layers

One may calculate the loss factor of a structure vibrating in a given mode by
use of Eq. (14.21) if one knows the energies W; stored in the various deforma-
tions of all of the component elements. Indeed, modern finite-element analysis
methods®~2® proceed by calculating the modal deflections, applying these to
evaluate all the energy storage components, and then using Eq. (14.21) to find
the loss factor.

Analytical results have been developed for flexure of uniform beam and plate
structures under conditions that are often approximated in practice. These results,
which are extremely useful for design gmdance and for development of an

understanding of the important parameters, apply to structures whose deflection
distributions are sinusoidal.*

Two-Component Beams

In flexure of a uniform beam with an insert or added layer of viscoelastic matenial,
as illustrated by Fig. 14.9, the energy storage (and dissipation) associated with
shear and torsional deformations may generally be neglected. If contact between
the components is maintained without slippage at all surfaces and if the loss
factor of the basic structural (nonviscoelastic) component is negligible, then the

Y
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FIGURE 149 Epd views of beams with viscoelastic inserts or added layers. Struc-
tural matenial is unshaded, viscoelastic material is shown shaded; Hy; represents distance
between neutral axis of structural corponent and that of viscoelastic component. Beam
deflection is vertical, with wave propagation along the beam length, perpendicular to the
plane of the paper.

*The deflection distribution of any beam (or plate) vibratng in one of its natural modes 1s at
least approximately sinusoidal (in one dimension for beams and in two dimensions for plates) at
locations that are one wavelength or more from the boundaries, regardless of the boundary conditions.
Therefore, the assumption of a sinusoidal deflection distribution is valid for a larger fraction of the
structure as the frequency increases.
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loss factor n of the composite beam is related to the loss factor § of the material
of the viscoelastic component by*>3¢

2 2 2.7t
2:[1+k(1+ﬁ)+(r1fﬁm) a} (1422)

B k(14 (rp/ Hio)a}

where o = (1 + k) + (8k)* and H;; denotes the distance between the neu-
tral axes of the two components. With subscript 1 referring to the structural
(undamped) component and subscript 2 referring to the viscoelastic component,
k= K»/K,, where K, = E; A; denotes the extensional stiffness of component ¢,
expressed in terms of its Young's modulus (real part) E; and cross-sectional area
A;. Furthermore, r; = /I;/ A; represents the radius of gyration of A4;, where [;
denotes the centroidal moment of mertia of A;.

For the often-encountered case where the structural component’s extensional
stiffness is miuch greater than that of the viscoelastic component, k < 1 and
Eq. (14.22) reduces to

. BEdr BEIr
7 EL +Ely  Ey I

(14.23a)

where It = I + Hh Ay = Ay(r] + H}) denotes the moment of inertia of A,
about the neutral axis of A;.

The last expression in Eq. (14.23ay-applies for E;Ir <« EI;, which is gen-
erally true in practical structures where the area and elastic modulus of the
viscoelastic component are small compared to those of the structural compo-
nent. In this case the composite structure’s neuotral axis coincides very nearly
with that of the structural component and the dominant energy storage is associ-
ated with flexure of the structural component (whose flexural stiffness is £, 7).
The dominant energy dissipation 1s associated with extension and compression
of the viscoelastic component, with the average extension (equal to the extension
at the viscoelastic component’s neutral axis) resulting from the flexural curva-
ture and the distance Hyy between the neutral axes of the viscoelastic and the
structural components.” The flexural curvature is greatest at the antinodes of the
vibrating structure; most of the damping action thus occurs at these locations,
with little damping resulting from the material near the nodes.

The second form of Eq. (14.23a) contains two ratios; the first involves only
material properties and the second only geometric parameters. It indicates that
the most important dynamic rechanical property of the viscoelastic material is
its extensional loss modulus E; == SE;. In keeping with the conclusions based
on the general energy expression [Eq. (14.21)], good damping of the composite
structure can be obtained only from a viscoelastic material that has not only a
high loss factor but also a considerable energy storage capability.

*A “spacer,” a layer that is stiff in shear aud soft in extension (e.g., like honeycomb), inserted between
the structural and the viscoelastic component can mcrease Hyp and thus the damping obtained with
a given amount of viscoelastic material *
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Plates with Viscoelastic Coatings

A strip of a plate (see insert of Fig. 14.10) may be considered as a special case
of a two-component beam, where the two components have rectangular cross
sections. Thus Egs. (14.22) and (14.23a) apply, with r; = H;/+/12 and Hj, =
%(Hl + I}, where H; denotes the component thickness. The energy storage and
dissipation considerations that were discussed in the foregoing settion, as well
as the foregoing remarks concerning the dominant damping material properties,
apply here also.

Figure 14.10 is a plot based on Eq. (14.22) for % « 1. It shows that for small
relative thicknesses Ay = H,/Hy, the loss factor ratio /8 1s proportional to the
viscoelastic layer thickness, whereas for very large relative thicknesses the loss
factor ratio approaches unity; that is, the loss factor of the coated plate approaches
that of the viscoelastic coating, as one would expect.” As also is evident from
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FIGURE 14.10 Dependence of loss factor n of plate strip with added viscoelastic layer
on relative thickness and relative modulus of layer.*® Curves apply for loss factors 8 of
viscoelastic material that are small compared to unity.

*For very thick viscoelasuc coaungs, deformations in the thickness direction (which are not consid-
ered 1 this simplified analysis) also may play a significant rele, particularly at frequencies at which
standing-wave resonances may occur m the viscoelastic material 3!
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the figure, at small relative thuicknesses the loss factor ratio is proportional to the
modulus ratio e, = E,/E,. For small relative thicknesses, that is, in the regions
where the curves of Fig. 14.10 are nearly straight, the loss factor of a coated
plate may be estimated from®

n~ é——zhg (3 + 6hy + 4H2) (14.23b)

where hy = Hy/Hj.

If two viscoelastic layers are applied to a plate, one layer on each-side, then
the loss factor of the coated plate may be taken as the sum of the loss factors
contributed by the individual layers, with each contribution calculated as if the
other layer were absent, provided that each viscoelastic layer has low relative
extensional rigidity, that is, that F, H, < E; Hy. If this inequality is not satisfied,
a more complex analysis is required.

Three-Component Beams with Viscoelastic Interlayers

Figure 14.11 illustrates upiform beams consisting of two structural (nonviscoelas-
tic) components interconnected via a relatively thin viscoelastic component. Such
three-component beams may be preferable to two-component beams for practical
reasons because the viscoelastic material is exposed only at its edges; however,
such beams can also be designed to have higher damping than two-component
beams of similar weight.*

In flexure of a three-component beam with a viscoelastic layer whose exten-
sional and flexural stiffnesses are small compared to those of the structural
compoenents, the dominant energy dissipation is associated with shear in the vis-
coelastic component and the most significant energy storage occurs in connection
with extension/compression and flexure of the two structural components. The
shear 1n the viscoelastic component i greatest at the vibrating structure’s nodes.
Thus, most of the energy dissipation occurs in the viscoelastic material near

”13

[]

LA

I —
FIGURE 14.11 End views of composite beams made up of two structural components
{unshaded) joined via a viscoelastic component (shaded); His 1s distance between peutral

axes of structural components. Beam deflection is vertical, with wave propagation along
the beam length, perpendicular to the plane of the paper.

*It should be noted that design changes to obtain increased damping generally also result in mass
and stiffness changes, which tend to affect a structure’s vibratory response and should be considered
in the design process.'3%33
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the nodes, with relatively little resulting in that near the antinodes. For efficient
damping, it is important that the shearing action in the viscoelastic material not
be restramed (particularly at and near nodes) by structural interconnections, such
as bolis.

The loss factor n corresponding to a spatially sinusoidal deflection shape of

such a three-component beam 1s related to the loss factor 8 of the viscoelastic
material by?%30

BYX
= 14.24
T IT e+ X+ 0+ 00 + pOx? (14.24)
where
Gab 1 E L + Esl; 1 1 '
X =—-F5 et § S = 14.25
szQ Y H123 E1A1 + E3A3 ( )

Here subseripts 1 and 3 refer to ‘r_he structural components and 2 to the viscoelastic
component; E;, A;, and [; represant respectively, the Young’s modulus, cross-
sectional area, and moment of inertia of component /; His denotes the distance
between the neutral axes of the two structural components; and G, represents the
shear modulus (real part) of the viscoelastic material, H, the average thickness
of the viscoelastic layer, and b its length as measured on a cross section through
the beam. The wavenumber p of the spatially smusoidal beam deflection obeys

1 AN* 1 /B
e (-> == [= (14.26)
2 oV @

where A represents the bending wavelength and B denotes the flexural rigidity
and p the mass per unit length of the composite beam.

The structural parameter Y of three-component structures depends only on
the geometry and Young’s moduli of the two structural components, whereas the
shear parameter X depends also on the properties of the viscoelastic layer and
on the wavelength of the beam deflection. The shear parameter X is proportional
to the square of the ratio of the beam flexural wavelength to the decay distance,
that is, the distance within which a local shear disturbance decays by a factor
of e, where e & 2.72 denotes the base of natural logarithms; thus, X also is a
measure of how well the viscoelastic layer couples the flexural motions of the
two structural components.

The (complex) flexural nigidity of a three-component beam 18 given by

= X*Y
B = (EqI I S X* = —j .
(Evly + Esl3) (1+ 1+X*> X1 - jp (14.27)

Its magnitude is B = | B|. Thus, for small X, the flexural rigidity B of the compos-
ite beam 15 equal to the sum of the flexural rigidities of the structural components,
that 1s, to the total flexural rigidity that the two components exhibit if they are
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not interconnected. For X > 1, however B approaches 1 + ¥ times the foregoing
value, which 15 equal to the flexural rigidity of a beam with rigidly interconnected
structural components 1 and 3.
For a given value of § and Y, the loss factor 5 of the composite beam takes
on its greatest value,
BY

U 4 S— 14.28
s = 5Y + 2/ Xom (14.28)

at the optimum value of X, which is given by
Xop = [(L+ (A + g2 (14.29)

With the aid of these definitions, one may rewrite Eq. (14.24) n terms of the
ratio R = X/ Xy in the following form, which provides a convenient view of
the damping behavior of three-component beams:

7 201+N)R

77—-~ - 1+2NR +R2 N = (1 + %Y)Xopt (1430}
'max

Figure 14.12, which is based on Eqgs. (14.28) and (14.29), shows how 7 /f
increases monotonically with Y, indicating the importance of selecting a config-
aration with a large value of ¥ in the design of highly damped composite struc-

tures.* Figure 14.13 gives approximate values of ¥ for some often encountered
—

T T T T T T T T N M B 00 N M s e g
- 2¢1 T
0.5/ =t
L =2 |
Tmax |- -
B
[ A ol ]
0.08 5
0.01 lod Vil Lo um Pt byt Eoid
0.07 6.1 10

STRUCTURAL PARAMETER Y

FIGURE 14.12 Dependence of maximum loss factor gy, of three-component beams
or plates on structural parameter ¥ and loss factor 8 of viscoelastic material,

*A shear-stiff, extensionally soft “spacer” (e.g., honeycomb) inserted between the viscoelastic and
one or both structural components can serve to increase Hi; and, therefore, the value of V. See
Bq. (14.25). For a given deflection of the composite structure, a spacer increases the damping

by increasmg the shear stramn—and thus the energy storage and dissipation—in the viscoelastic
componeng, 9.3
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FIGURE 14.13 Values of structural parameter ¥ for three-component beam and plate
configurations with thin viscoelastic components and with structural components of the
same material; viscoelastic component is shown cross-hatched. I, moment of inertia; A,
cross-sectional area; r, radios of gyration; Hys, distance between neutral axes.

configurations. Figure 14.14 shows how /7. varies with X /Xy, indicating
the importance of making the operating value of X of a given design match X
as closely as possible in order to obtain a loss factor that approaches 7pax.

If one knows the wavenumber p = 27/A and the frequency associated with
a given beam vibration, one may calculate the loss factor n of a composite
beam simply by substituting the beam parameters and the material properties
at any frequency (and temperature) of interest into Egs. (14.24) and (14.25) or
(14.28)~(14.30). The latter set of equations is parttcularly useful for judging how
far from the optimnm a given configuration may be operating.

If one knows only the frequency and not the wavenumber p corresponding to
a beam vibration, one needs to use Eq. (14.26) to determine p. Substitution of B
as calculated from Eq. (14.27) into Eq. (14.26), followed by substitution of the
result into the first of Eqs. (14.25), leads to a cubic equation in X. Although one
may solve this numerically, it is often more convenient to determine X by use
of an iteration procedure like that indicated in Fig. 14.15.

In contrast to the previously discussed two-component beam, the loss factor
n of a three-component beam does not depend primarily on the loss modulus
(i.e., on the product of the loss factor § and storage modulus E; or G7) of the
viscoelastic material. The loss factor of a three-component beam depends on f
and G, separately, and the separate dependences must be taken into account in
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FIGURE 14.14 Dependence of loss factor 9 of three-component beam or plate on shear
parameter X [from Eq. (14.30)].

the design of such a beam. Design of a highly damped three-component beam
structure requires (1) choice of a configuration with a large structural parameter
Y, (2) selection of a damping material with a large loss factor § in the frequency
and ternperature range of interest, and (3) adjustment of the damping material
thickness H, and length b so as to make X [as calculated from Eq. (14.25)
for the value of G, applicable to the frequency and temperature of concern]
approximately equal to Xy [given by Eq. (14.29)]. The resulting design then
will have a loss factor approximately equal to nm. as given by Eq. (14.28).

The expected performance of any design should be checked for the frequency
and temperature ranges of interest by means of the procedure described in the
previous paragraph. Note that a given design may be expected to perform opti-
mally—that is, to have X uvnder operating conditions approximately equal to
Xopi—only in a limited range of frequencies and temperatures, with reduced
performance outside this range.

Plates with Viscoelastic Interlayers

A strip of a plate consisting of a viscoelastic layer between two structural layers
may be considered as a special case of a three-component beam. In a plate strip,
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| CALCULATE Y from Eq. 14.25 |

¥

DETERMINE Band Gp at
FREQUENCY and TEMPERATURE of
INTEREST from MATERIAL DATA
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i
¥

[ LET X = Xy |
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FIGURE 14.15 Iteration procedure for determination of loss factor of three-component
beams or plates for which wavelength is not known initially.

all components have rectangular cross sections of the same width; Egs. (14.25)
accordingly become

G 1 E\H? + E3H? 1 i
X = — LIS i WS § = 4+
prH, Y 12HZ, EvHy,  E3H;

(14.31)

If, furthermore, E [y + Esl5 in Eq. (14.27) is replaced by 5(E1H} + E3H3)
and if p in Eq. (14.26) is interpreted as the mass per umit surface area of the
plate, then all of the foregoing discussion pertaining to beams also applies to
plates.
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15.1 INTRODUCTION

The sound produced by unsteady gas flows and by interactions of gas flows
with solid objects is called aerodynamic sound. The same flows often excite
structural modes of vibration in surfaces bounding the flow and are then said.
to generate structure-borne sound. Unwanted flow-generated sound, noise, 18 a
common by-product of most industrial processes. It also accompanies the opera-
tion of ships. automobiles, aircraft, rockets, and so on, and can adversely affect
structural stability and be an important source of fatigue.

A practical understanding of the sources of aerodynamic sound is necessary
over the whole range of mean-flow Mach numbers, from the very lowest (0.01
or less) associated with flows in air conditioning systems and underwater appli-
cations to the high supersonic range occurring in jet engines and high-pressure
valves. In subsonic flows, the sound may be attributed to three basic aerodynamic
source types: monopole, dipole, and quadrupole.!

These fundamental source types are discussed in this chapter, together with a
survey of noise mechanisms associated with turbulent jets, spoilers and airfoils,
boundary layers and separated flow over wall cavities, combustion, and valves.

15.2 AEROACOQUSTICAL SOURCE TYPES

Aerodynamic Monopole

Monopole radiation is produced by the unsteady introduction of mass or heat
into a flmd. Typical examples are pulse jets (where high-speed air is periodically
ejected through a nozzle), turbulent flow over a small aperture in a large wall

LU
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(where the flow induces pulsating motion in the aperture), unsteady combustion
processes, and heat release from boundaries or from a pulsed laser beam.

The radiation from a monopole source in an otherwise stationary fluid is equiv-
alent to that produced by a pulsating sphere (Fig. 13.1a). Both the amplitude and
phase of the acoustical pressure are spherically symmetric. When the monopole
sound is generated by unsteady flow velocities, the dimensional relation between
the radiated sound power and the flow parameters is

Zrrd
= pL*UM (15.1)

Wmonopole & S

where Wincaspote = radiated sound power, W
o = mean speed of gas, kg/m®
¢ == speed of sound in gas, m/s
U = flow velocity 1n source region, m/s
L = length scale of flow in source region, m
M = Mach number, = U/c, dimensionless

Aerodynamic Dipole

Dipole sources arise when unsteady flow interacts with surfaces or bodies, when
the dipole strength is equal to the force on the body, or when there are signif-
icant variations of mean fluid density in the flow. This source type is found in
compressors where turbulence impingés-on stators, rotor blades, and other con-
trol surfaces. Similarly, the unsteady shedding of vorticity from solid objects,
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FIGURE 15.1 Aeroacoustical source types and their dimensional properties in fluid of
uniform mean density. See also Fig. 1.2
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such as telegraph wires, struts, and airfoils, generates “singing” tones that are
also attributable to dipole sources. Other examples include the noise generated
by hot jets exhausting into a cooler ambient medium and by the acceleration of
temperature {or “entropy”) inhomogeneities in a mean pressure gradient, as in a
duct contraction.

The dipole is equivalent to a pair of equal monopole sources of opposite phase
separated by a distance that 1s much smaller than the wavelength of the sound.
Destructive interference between the radiations from the monopoles reduces the
efficiency with which sound is generated by the dipole relative to a monopole
and produces a double-lobed, figure-eight radiation field shape proportional to
the cosine of the angle measured from the dipole axis (Fig. 15.15). In fluid of
uniform mean density, the dimensional dependence of the aerodynamic dipole

sound power is
2776

Waipote 5 = pL*U3M*? (15.2)

Ths differs by a factor M? from the power output of the monopole. In subsonic
flow (M < 1) the dipole is a less efficient source of sound.

If the specific entropy or temperature of the flow in the source region 1s not
uniform (e.g., in the shear layer of a hot jet exhausting into a cooler ambient
atmosphere), the density must also be variable. The relatively strong pressure
fluctuations in the twbulent flow are then scattered by the density variations
and produce sound of the dipole type. The dipole strength is proportional to
the difference between the actual acceleration of the density inhomogeneity in
the turbulent pressure field and that which it would have experienced had the
density been uniform.” The dimensional dependence of the corresponding sound
power 1s ,

2 2776 2
pL (BTQT) A (%) P

Wenmpy 2.8 (153)

where (87 /T)? is the mean-square fractional temperature fluctuation.

Aerodynamic Quadrupole

Quadrupole radiation is produced by the Reynolds stresses in a turbulent gas in
the absence of obstacles. These arise from the convection of fluid momentum
by the unsteady flow. The Reynolds stress forces must occur in opposing pairs,
since the net momentum of the fluid is constant. Force pairs of this type are
called quadrupoles and are equivalent to equal and opposite dipole sources (see
Fig. 15.1¢).

Acrodynamic quadrupoles and entropy dipoles are the dominant source types
1n high-speed, subsonic, turbulent air jets. The quadrupole strength is larger where
both the turbulence and mean velocity gradients are high, for example, in the
turbulent mixing layer of a jet.
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The dimensional dependence of the radiated quadrmpole sound power is

LZ{}%
unaﬁmpole X p—cs— = pngsM:s (15.4)

This differs from the dipole power by a factor M2, At subsonic speeds (M < 1),
the quadrupole radiation efficiency is lower than that of the dipole because of
the double cancellation illustrated in Fig. 15.1c.

The monopole, dipole, and quadrupole sources decrease in their respective
radiation efficiencies for subsonic flows, but the dependencies of their radiated
sound powers on flow velocity show the opposite trend, that is, the total radiated
sound power varies as the fourth, sixth, and eighth powers of the flow speed U/ for
monopole, dipole, and quadrupole sources, respectively. Thus, if the flow velocity
is high enough, the radiation from the quadrupole sources may be the dominant
source of sound even though the efficiency with which the sound is produced 1s
small. This is usually the case for a jet engine at high subsonic exhaust velocities,
although other internal sources caused by unsteady combustion or rough burning
{predominantly monopole) or compressor noise (predominantly dipole) can also
make a significant contribution to the total noise. ‘

The value of the constant of proportionality for each type of source depends
on both the sound-generating mechanism and the flow configuration. Thus, the
constant for a singing wire differs from that of an edge tone, although both
arise from unsteady surface forces (dipale sources). However, the proportionality
relations (15.1)-(15.4) can be used to estimate the influence on radiated sound
power of changes in one or more of the source parameters. A twofold increase in
the exhaust velocity U of a jet (quadrupole-type source) causes the sound power
level to increase by 24 dB (eighth power of flow velocity), whereas a doubling
of the exhaust nozzle area A (proportional to L?) increases the sound power
level by only 3 dB. Because the thrust of a jet engine is proportional to AUZ, the
increase in radiated sound will be smaller if a doubling of the thrust is achieved
by increasing the nozzle area by a factor of 2 rather than the exhaust velocity by
a factor of 1.4.

Aerodynamic Sources of Fractional Order

The efficiency with which sound is produced by aerodynamic dipole sources on
surfaces whose dimensions greatly exceed the acoustical wavelength frequently
differs from those mmplied by Eqgs. (15.2) and (15.3). For example, the net dipole
strength associated with turbulent flow over a smooth, plane wall 1s zero: The
radiation is the same as that generated by the quadrupole sources in the flow when
the wall is regarded as a plane reflector of sound. Similarly, the net strength of the
dipoles induced by turbulence near the edge of a large wedge-shaped body varies
with angle v—being equivalent to that of a quadrupole when v = 180° (i.e., for
a plane wall) and to a fractional multipole order % when v =0 (knife edge).
The latter case is important in estimating the leading and trailing edge noise of

an airfoil, where at high enough frequency the sound power is proportional to
pLUM>.
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Influence of Source Motion

The directional characteristics of the radiation from acoustical sources are chang-
ed if the source moves relative to the fluid. Both the frequency and intensity of
the sound are increased ahead of the source and decreased to its rear. It is usual
to refer the observer to a coordinate system based on the source location at the
time of emission of the received sound.

For a monopole source of strength g(¢) kilograms per second (equal to the
product of the volume velocity and the fluid density) moving at constant speed
U 1in the direction illustrated in Fig. 15.2, the acoustical pressure p in the far

field is
dg/dt }

drr(l— My (1)

Pmonopote = = l;
where the square brackets denote evaluation at the time of enussion of the sound,
(r, @) are coordinates defimng the observer position relative to the source at the
time of emission of the sound, and the plus and munus sign is taken according
as My < 1 or My > 1, where

U ,
My = (—c—) cos ® (dimensionless)

The frequency of the received sound is f/(1 — My ), where f, per second,
is the frequency in a frame fixed relative to the source. The term 1/(1 — My)
18 called the Doppler factor. Its effect 1s to modify both the frequency and the
amplitude of the acoustic field.

For a uniformly translating dipole of strength f; {¢) (newtons), which is equiv-
alent to an applied force in the / direction, and for a quadrupole Tj; (¢) (newtons-
meters), specified by directions 7, j (and equivalent to a force pair applied to the
fluid}, the respective acoustical pressure fields become

df,/dt dzTrr/dtz “
) S T AL A U e B —— 156
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FIGURE 152 Coordinates defining the observer position at the tume of emission of the
recerved sound from a moving source.
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where f,, T, denote the components of the dipole and quadrupole source
strengths in the observer direction at the time of emission of the sound and
the plus and minus sign is taken according as My <1 or My > 1.

These expressions are valid for ideal, point sources moving at constant veloc-
ity. The influence of source motion on real, aerodynamic sources is often much
more complicated. For example, a pulsating sphere is a monopole source when
at rest. In uniform translational motion, however, the radiation is amplified by
a Doppler exponent of % istead of the 2 of Eq. (15.5). This 1s because the
monopole is augmented due to the motion by a dipole whose strength is pro-
portional to the convection Mach number M. The interaction of the volume
pulsations with the mean flow over the sphere produces a net fluctuating force
on the fluid.

16.3 NOISE OF GAS JETS

The sound generated by high-speed jets is usually associated with several different
sources acting simultaneously. Jet mixing noise, caused by the turbulent mixing
of the jet with the ambient medium, and for imperfectly expanded supersonic jets
shock-associated noise, produced by the convection of turbulence through shock
cells in the jet, are the principal components of the radiation. The properties of
sound sources 1n real jets differ considerably from those of the idealized models
described in Section 15.2. Sources located within the “jet pipe” can also make
a significant contribution to the noise. Inthe case of a gas turbine engine, the
additional radiation includes combustion noise as well as tonal and broadband
sound produced by interactions involving fans, compressors, and turbine systems.
The following discussion is based on experimental data obtained and validated
by several independent investigators and collated for prediction purposes by the
Society of Automotive Engineers.> Formulas are given for predicting the free-field
radiation from a jet in an ideal acoustical medium. In many applications it will
be necessary to modify these predictions to account for atmospheric attenuation
and mterference caused by reflections from surfaces.

Jet Mixing Noise

Mixing noise is the most fundamental source of sound produced by a jet. The
simplest free jet is an air stream issuing from a large reservoir through a circular
convergent nozzle (Fig. 15.3). The gas accelerates from near-zero velocity in the
reservolr to a peak velocity in the narrowest cross section of the nozzle. Sonic
flow occurs at the nozzle exat when the pressure ratio pg/p; exceeds 1.89, where
Do 1s the steady reservoir pressure and p, is the ambient pressure downstream of
the nozzle. An increase above this critical pressure ratio leads to the appearance
of a shock cell structure downstream of the nozzle and “choking” of the flow
unless the convergent part of the nozzle is followed by a divergent section in
which the pressure decreases smoothly to p;.

For the idealized, shock-free jet, no interaction is assumed between the gas
flow and the solid boundaries. The noise is produced entirely by turbulent mixing
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FIGURE 15.3 Subsonic turbulence-free jet.
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in the shear layer. The sources extend over a considerable distance downstream of
the nozzle. The high-frequency components of noise are generated predominantly
close to the nozzle, where eddy sizes are small. Lower frequencies are radiated
from sources further downstream where eddy sizes are much larger. The sources
may be regarded as quadrupoles, whose strength and directivity are modified
by the influences of nonuniform flmd density (temperature) and convection by
the flow.

The total radiated sound power W in watts of the mixing noise may be
expressed in terms of the mechanical stream power of the jet, equal to

Wineeh sweam = %m U? (15.7)

where m = mass flow of gas, kg/s
U = fully expanded mean jet velocity, m/s

The dependence of W/ %mU 2 on jet Mach number M = U/c and density
ratio p;j/ps, where ¢ is the ambient sound speed and p;, p; are respectively the
densities (in kilograms per cubic meter) of the fully expanded jet and the ambient
atmosphere, is illustrated in Fig. 15.4. For M < 1.05 the sound power increases
as p;/ps decreases (i.e., as the jet temperature increases) and decreases at higher
Mach numbers. When M < 1, W may be estimated from

W 4x1075(p;/p) D M4
Wmech stream h (1 - MCZ)Z

M<1 (15.8)

where M, = 0.6207 /¢ and w is the jet density exponent given by*

3 M{&S

W= e (15.9)

Fquation (15.9) is applicable for M greater than about 0.35, including the super-
sonic region and is also used in the formulas given below.
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FIGURE 15.4 Ten tumes the logarithm of the ratio of acoustical power of jet mixing

noise to mechanical stream power as a function of the fully expanded jet Mach number
M = U/c for different values of p;/p;.

The overall sound pressure level (OASPL) at any point in space is defined as
o~y

OASPL = 20 x log;g 503%; dB (15.10)

where pms 1S the rms sound pressure in pascals (newtons per square meter) (see
Chapter 2). Source convection and refraction in the shear layers causes the sound
field to be directive, the maximum noise being radiated in directions inclined at
angles 8 to the jet axis between about 30° and 45°.

Typical field directivities at a fixed observer distance for an air jet at three
different jet Mach numbers M = U/c are shown m Fig. 15.5, The curves give
the variation of OASPL(8) — OASPL(90%), the sound pressure level relative to
its value at 8 = 90°, and are approximated by the formula

OASPL(6) = OASPL(90%) — 30 x log [1 M cos 9 ]

v
1
10403560 & 4 % 10-6 (15.11)

~1.67 xlog [1 +

where M, = 0.62U/c
6" = 0.26(180 — )M, degrees

The final term on the right of (15.11) is negligible unless 8 < 180° —150°/
M, that is, except in directions close to the jet axis.
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FIGURE 15.5 Directivity of jet mixing noise.

At 6 = 90° the overall sound pressure level of jet mixing noise can be calcu-
lated from the formula

2 w
A i
0ASPL:139.5+1Oxlog~§~2~+10xlog[( Ps ) (-—p’) }

Pisa Os

/ M7.5
& | 15.12
10 log (1 Z0.IM + 0.015;%4-5) (15.12)

where A = fully expanded jet area, = }r D% for a subsonic jet, m*
Dy = nozzle exit diameter, m
R = distance from center of nozzle exit, m
prsa = infernational standard atmospheric pressure at sea
level, = 10.13 pPa

The dependence of OASPL(90%) — 10 x log(A/R?) on jet Mach number M and
density ratio p;/p; s illustrated in Fig. 15.6.

The sound-pressure-level (SPL) frequency spectrum of jet mixing noise is
broadband and peaks at a frequency f = f, that is a function of the radiation
direction 8, jet Mach number M, and temperature ratio 7,/7;, where T, (in
kelvin) is the fully expanded jet temperature and Ty (kelvin) is the ambient gas

temperature. The spectrum has a broad peak that occurs in the range 0.3 < § <
1, where '
- f J4 D N

U

is the Strouhal number (dimensionless), tabulated in Table 15.1 for 8 > 50°
and for different values of T,/7,. For practical purposes the difference A =

h) (15.13)
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FIGURE 15.6 Overall sound pressure level at 0 = 90°.

TABLE 15.1. Values of Stroubal Number and A(-) for Different Values of T; /7"

1;/7s 8 = 50° 8 = 60° 6 = 70° 8 = 80° 8= 90°
1 0.7 (11 dB) 0.8 (11 dB) 0.8 (11 dB) 1.0 0.9
2 0.5 (10 dB) 04 (10 dB), 0611 dB) 0.5 0.6
3 0.3 (9 dB) 04 (10 dB) ~ 04 (10 dB) 04 0.5

¢Strouhal number § = f Dy /U at the peak of the one-third-octave-band spectrum of jet mixmng noise
for U/e < 2.5 (left colurons); A = OASPL — SPLy,. = 11 dB for all 6 > 80° except as indicated
m parentheses (right columns).

OASPL — SPLpeax between the peak of the one-third-octave-band spectrum and
the overall SPL at the same value of 6 may be taken to be 11 dB except as
indicated in the table.

Figure 15.7 shows a typical relative one-third-octave-band SPL spectrum
SPL(f) — OASPL for p; = p, and angles 8 > 90°. The characteristic shape is
the same for all temperatures and angles, although there is significant dependence
on temperature and Mach number when § 1s smaller than about 50° and f > f,
when refraction of sound by the jet shear layer becomes important. For subsomic
jets, the spectrum varies roughly as f> at low frequencies and decays like 1/f
for f > f.

Figures 15.4-15.7 and Table 15.1, supplemented when necessary by
Egs. (15.8) and (15.9), comprise a general procedure for estimating the SPL,
directivity, and spectrum of jet mixing noise.

Example 15.1. Find the total jet mixing noise sound-power- and sound-
pressure-level spectrum at 60° from the jet axis and 3 m from the nozzle of a
0.03-m-diameter air jet. The jet exhausts into ambient air (15°C, p, = 10.13 pPa,
0s = 1.225 kg/m?) at sonic (£//c = 1) exit velocity, that is, 340 m/s.
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FIGURE 15.7 One-third-octave-band SPL ~ OASPL, (dB) for radiation directions
8 = 90° and p; = gq. :

Solution The mechanical stream power $mU? is 1.70 x 10* W. The ratios
pj/ps and U/c are unity. Therefore, from Fig. 15.3 {or Egs. (15.8) and (15.9}]
the ratio of sound power to mechanical stream power is 1.0 x 10™*. The resulting
overall sound power is 1.7 W. From Fig. 15.6 [or Eq. (15.12)] the OASPL at 90°
to the jet axis and R = 3 m is 98.8 dB re 20 pPa. From Eq. (15.11) the OASPL
at 60° to the jet axis and R = 3 m is 103.5 dB, and the peak Strouhal number 13
0.8. The one-third-octave-band SPL spectrom is found from Fig. 15.6 by adding
103.5 dB to the ordinate with A = 11 dB (from Table 15.1).

Realistic jets exhausting from pipes and engine nozzles do not provide smooth,
low-turbulence entrainment of flow but rather flow that has been disturbed or
spoiled before leaving the nozzle. In this case, the above procedure is not valid
unless the jet velocity U exceeds about 100 m/s. Below this speed major portions
of the aerodynamically generated noise emanate from internal sources.

Noise of Imperfectly Expanded Jets

Supersonic, underexpanded, or “choked” jets contain shock cells through which
the flow repeatedly expands and contracts (see inset to Fig. 15.8). Seven or more
distinct cells are often visible extending up to 10 jet diameters downstream of the
nozzle. They are responsible for two additional components of jet noise: screech
fones and broadband shock-associated noise. Screech is produced by a feedback
mechanism in which a disturbance convected in the shear layer generates sound as
it traverses the standing system of shock waves. The sound propagates upstream
through the ambient atmosphere and causes the release of a new flow disturbance
at the nozzle exit. This is amplified as it convects downstream, and the feedback
loop is completed when it encounters the shocks. A notable feature of the screech
tones is that the frequencies are independent of the radiation direction, the funda-
mental occurring at approximately f = U /L(1 + M,), where M, = U, /c, U, is
the convection velocity of the disturbance in the shear layer, L is the axial length
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of the first shock cell, and ¢ is the ambient speed of sound. Although screech
is often present in model-scale experiments and can be important for choked jet
engines, it 1s usually easy to eliminate by minor modifications to nozzle design,
for example. by notching.

In practice, it is the broadband, shock-associated noise that is important for
supersonic jet engines. It can be suppressed by proper nozzle design, but it is
always present for a convergent nozzle. The dominant frequencies are usually
higher than the screech tones and can range over several octave bands. For predic-
tive purposes it is permissible to estimate separately the respective contributions
of mixing noise and shock-associated noise to the overall sound power generated
by the jet. The mixing noise predictions are the same as for a shock-free jet.

The overall SPL of shock-associated noise is approximately independent of
the radiation direction and may be estimated from

n

A
OASPL = Cy + 10 x log %2"'

t!

P,
S

Co=1565 @B) n={+ @< 7 <11l 450,
1 B8>1D
4 1 Lo
Co=1585 (dB) n= B<b >l

2 B>D
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where 7, = total (zeservoir) jet temperature, K
T, = total ambient temperature, K
B= M ~1
M, == fully (ideally) expanded jet Mach number, based on sound speed
in jet
The shock-associated noise spectrum exhibits a well-defined peak in the vicin-
ity of
_ 0.9V, \
"~ DyB(l— M, cos §)

fr (15.15)

where the convection velocity U, meters per second is equal to 0.7U and 6 is
measured from the jet axis. When T,;/7; > 1.1, the one-third-octave-band SPL.
(re 20 wPa} 1s given by

" A 5.163
SPL = 143.5 + 10 x log Fa_ 16.13 x log (—6— + 0.09600'74)
R2 o255
No—-1
17.27 3 2
10 x Jog § 1 - C(o)®
+ 10 x log {1+ N, ; (o)

Ne—t

>:_1 cos(ogy) sin(0.11580g)
o4qy

(15.16)

szl

where C(0) = 0.8 — 0.2 x log;((2.239/0%21% + 0.09875%7%)
o = 6.918Dy f/c, dimensionless
¢ = ambient speed of sound, m/s
N, = 8 {(number of shocks)
gy = (L.7ic/ U1+ 0.06[j + %(i + DI - 0.7(U/c) cos 8]

and n 1s defined as in (15.14). In the case of a “cold jet,” for which 7;/T; < 1.1,
the prediction (15.16) should be reduced by 2 dB.

The prediction procedure for shock-associated noise is applicable over all
angles # where shock cell noise is mmportant {say, 8 > 50°). When used in
conjunction with the prediction procedure for jet mixing noise, the one-thard-
octave-band sound pressure spectrum for the overall jet noise may be estimated
by adding the respective contributions to each frequency band of the mean-square
acoustical pressures of the muxing noise and the shock-associated noise. The
mfluence of shock-associated noise is illustrated o Fig. 15.8, which compares
the spectrum of the jet nuxing noise of a fully expanded, shock-free supersonic
jet from a convergent—divergent nozzle at the same pressure ratio. In the latter
case the spectral peak occurs at the frequency f, given by Eq. (15.15).
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Flight Effects

The noise geuerated by a jet engine in flight is modified because of the joint
effects of Doppler amplifications (discussed in Section 15.2) and the reduction
1n mean shear between the jet flow and its environment. From an extensive series
of experimental studies® empirical formulas have been developed to predict the
SPL in flight in terms of the corresponding static levels.

In the Mach number range of 1.1 < M < 1.95 jet mixing noise CASPL(8)gign:
1s related to OASPL(8) g bY

mi@)
OASPL{(8)gigne = OASPL(8)gac — 10 X log [(U v ) (1 — My cos @)}
- Vs

(@)——( 6959\, | 7
mer= ‘9—12512-5) 31+ 18.5M — (041 — 0.37M)6]"

(15.17)
where 6 = angle between jet axis and observer at retarded time of emission
of sound, degrees
& = angle between flight direction and observer direction at retarded
time of emission of sound, defined in Fig. 152
U = fully expanded jet velocity (relative to nozzle), m/s
V¢ = aircraft flight speed, m/s™-<
M ¢ = flight Mach number relative to sound speed in air, = V¢ /c

The formula is applicable for 20° < 8 < 160°. For M < 1.1 and M > 1,95, the
relative velocity exponent m () should be taken to be given by the above formula
at M = 1.1, 1.95, respectively.

Estimates of the one-third-octave-band SPL spectrum in flight can be made by
using Fig. 15.6 with the OASPL determined by (15.17) and the Stroubal number
fDyn/U replaced by that based on the jet velocity: fDy/(U — V).

For shock-associated noise the influence of flight on both the spectrum and
the OASPL is approximately given by

SPLgignt = SPLgate — 40 log x (1 — M cos P) (1518}

15.4 COMBUSTION NOISE OF GAS TURBINE ENGINES

Jet mixing notse and shock-associated noise of high-speed jet engines are the

result of sources in the flow downstream of the nozzle. Their importance has ‘

progressively dimimished n recent years with the introduction of large-diameter,
high-bypass-ratio turbofan engines with much reduced mass efflux velocities.
In consequence, greater attention has been given to noise generated within the
engine (termed core noise), which tends to be predominant at frequencies less
than 1 kHz. Combustion processes are a significant component of core noise,
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both directly in the form of thermal monopole sources and indirectly through the
creation of temperature and density imhomogeneities (“entropy spois”), which
bebave as dipole sources when accelerated in nopuniform flow.

The noise prediction scheme outlined below is based on an analysis of com-
bustion noise of turbojet, turboshaft, and turbofan engines as well as model-scale
data®. Anmular, can-type, and “hybnid” combusters were all included in the val-
uation studies.

The overall sound power level (OAPWL, in decibels) 1s a function of the
operating conditions of the combuster and the turbine temperature extraction and
may be estimated from the equation

mc? (AT/T)(P1/ pisa)
OAPWL = —60.5 + 10 x log +20 x 1o - (15.19)
et ® A/ T.P
where m = combuster mass flow rate, kg/s i

P; = combuster mlet total pressure, Pa
AT = combuster total temperature rise, K
(AT = reference total temperature extraction by engine turbines at
maximurn takeoff conditions, K
T; = inlet total temperature, K.
T, == sea-level atmospheric temperature, 288.15 K
T,es = reference power, 1012w
pisa = sea-level atmospheric pressure,
10.13 kPa = 1.013 x 10* N/m?
¢ = sea-level speed of sound, 340.3 m/s

i

This formula is expected to yield predictions that are accurate to within &5 dB.
The one-third-octave-band power level spectrum PWL(f) is given in terms of
the OAPWL by

PWL(f) = OAPWL — 16 x log[(0.003037 /)¥% 4 (0.002051 )51 dB
(15.20
where f is frequency (in hertz) and the forraula is applicable for 100 Hz < f=<
2000 Hz. The spectrum is essentially symmetric about a peak at f = 400 Hz
(Fig. 15.9). In applications where the observed peak frequency f, differs slightly
from this value, the spectrum m the figure should be shifted, retaining its shape,
so that the peak coincides with observation. In (15.20), f would be replaced by
400f/fp- ;
The one-third-octave-band sound power pressure spectrum may now be deter-
mined from the formula

SPL = —10.8 + PWL(f) — 20 xlog R

1
(10(1 .633—0.05676) + 10(19.43—0.2339))0.4

—2.5 x log [ + 10@.333—0.1159)}

(15.21)
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FIGURE 159 One-third-octave-band frequency power level spectrum of combuster
noise.
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where # = angle from jet exhaust axis, degrees
R = observer distance, m

The peak radiation 1s predicted by (15.21) to occur at  ~ 60°, although at very

low frequencies (<200 Hz) the peak may be shifted slightly toward the jet axis.
For an aircraft i flight at speed V, the modification of the predicted SPL
may be estimated from Eq. (15.18).

16.5 TURBULENT BOUNDARY LAYER NOISE

The intense pressure fluctuations that can occur beneath a turbulent boundary
layer are a source of sound and structural vibrations. The sound is produced
directly by aerodynamic sources within the flow and indirectly by the diffraction
at discontinuities in the wall (e.g., corners, ribs, support struts) of structural modes
excited by the boundary layer pressures.

The pressure developed beneath a boundary layer on a hard wall is called the
blocked pressure and is twice the pressure that a nominally identical flow would
produce if the wall were absent. The rms wall pressure phys (in pascals) of the
turbulent boundary layer can be estimated by’

Prms * o

T T MU,/ + 01 - DM

(15.22)
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where o = 0.006, dimensionless
g = local dynamic pressure, = 1 oU?, Pa
p = fluid density at outer edge of boundary layer, kg/m®
U = free-stream velocity at outer edge of boundary layer, m/s
M = free-stream Mach number, = U/c, dimensionless
¢ = speed of sound at outer edge of boundary layer, m/s
T = temperature at outer edge of boundary layer, K
Ty = temperature of the wall, K
y == ratio of specific heats of gas, dimensionless

The quantity 0 = {Prms/q)incompressivle> a0d Eq. (15.22) represents a mapping from
an incompressible flow to the compressible state by means of the compressibil-
ity factor, £*. Recent measurements® suggest that the currently accepted value
o = 0.006 may be too low and that a better approximation is ¢ = 0.01.

In many applications wall pressure fluctnations are substantially higher if the
flow separates. For example, when separation occurs at the compression corner
at a ramp or at an expansion corner, the rms wall pressure can typlca,lly exceed
2% of the local dynamic pressure g.

The structural response of a flexible wall to forcing by the boundary layer
depends on both the temporal and spatial characteristics of the pressure fluctu-
ations. When the wall is locally plane, these can be expressed in terms of the
wall pressure wavenumber—frequency spectrum Pk, ). This is the two-sided
Fourer transform (1/27)° [% R, (xy, %3, 1) exp[—i(k - X — wt)] dxy dxz dt of
the space—time correlation function of the wall pressure R,,. By convention,
coordinate axes (x;, xz, x3) are taken with x;, x3 parallel and transverse to the
mean flow, respectively, x, measured outward of the wall, and the wavenumber
k = (ki, k3) (in reciprocal meters) has components parallel to the x;, x3 axes
only. The principal properties of the blocked-pressure spectrum Py(k, w), say,
are understood only for low-Mach-number flows (M < 1).

Wall Pressure Spectrum at Low Mach Number

Here, Py(k, @) 18 an even function of o, and its general features are shown in
Fig. 15.107 for > O The strongest pressure Huctuations are produced by eddies
in the convective ridge of the wavenumber plane that convect along the wall at
about 70% of the free-stream velocity. The region & = K| < w/c¢ (c = speed of
sound, in meters per second) is called the acoustical domain, and kg = w/c is the
acoustical wavenumber. The adjacent subconvective domain (ko < k € w/U,)
is mmportant to determining the structural response of the wall to forcing by the
turbulence pressures. In these regions 10 % log[ Py (k w)] 18 typically 30-60 dB
below the levels in the convective domain.

Pressure fluctuations in the acounstical domamn correspond to sound waves in the
fluid. When the wall 1s smooth and fiat, the generation of sound is dominated by
quadrupole sources in the flow,” and the acoustical pressure frequency spectrum
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of sound produced by a fixed area of the wall (Fig. 15.11) 1s
A
O (w) = zuﬁkg cos? 8 Py sin 6 cos ¢, ko sin 6 sin ¢, ) (15.23)

where OASPL = 10 x log [ f; ® () dw/(20 pPa)?],dB
A = area of wall region, m>
R = observer distance from center of A, m
(8, ¢ = polar angles of observer defined in Fig. 15.11

Chase® has proposed the following representation of the blocked-pressure
spectrum that is applicable over the whole range of wavenumbers and
is based on an empirical fit to experimental data in the convective and
subconvective domains:

Polk,w) 1 0.1553 (k1 6)°k>
pI28  [(ky8)? + LT85 { iz — 2+ gz T O00078
x(ka)ﬁ[(mY +1.78] it k2 — k2| N K
k8?2 +1.78 k2 k2 — k2| + B2k2
%} > 1 (15.24)

where § = boundary layer thickness (distance from wall at which
mean-flow velocity 1s equal to 0.99U), m
o = mean fiuid density, kg/m®
v, = friction velocity, & 0.035U, m/s
U, = 07U, mfs -
U = mainstream velocity at outer edge of boundary layer, m/s
o = radian frequency, = 2n f, rad/s
ke = /{0 — Uk)2 /902 + k2, m~!
B ~ 0.1, dimensionless

The first term in the curly brackets determines the behavior near the convective
ridge and the second the low-wavenumber and acoustical domains. The numerical

’ coefficient 8 controls the height of the spectral peak (Fig. 15.10) at the boundary

k = ko of the acoustical domain and determines the intensity of the sound waves
propagating parallel to the plane of the wall.

Example 15.2. Estumate the frequency spectrum ¥ (w) of the power dissipated
by flexural motion of a plane wall when the wall is excited by a low-Mach-
number turbulent flow over a region of area A whose normal impedance Z{k, )
(kg/m? - 5) is independent of the orientation of k.

Solution The impedance satisfies Z(k, ) = —p(k, w)yvg(k, @), where p and
vy, respectively, denote the Fourier components of the pressure and normal veloc-
ity on the wall. Let Z = R — X, where R and X are the resistive and reactive
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components of the impedance, respectively. The total power delivered to the
flexural motions 1s equal to f0°° W (w) dow, where

oo Rk, w) Py(k, ) d*k
W(o) =24 (k, w) Py(k, @) .
ksl R(K, @) + [X (k. ) + po/~/k*—k5)?
The flexural-mode wavenumbers are the roots k=Kk,,n=1,2,3,..., of

XX, o)+ pw/ k> — kg = 0. In practice, these usually lie in the low-
wavenumber region where Py(k, o) = Py(k, @), so that, when R « X and Z
is a function of k = k and o only,

4% Ak, Py(ky,, @)

(3/3k) [X(k, @) + pw / Ji2 - ;cg]

When the wall consists of a vacuum-backed, thin elastic plate of bending stiffness
B (kg - m?/s*), mass density m (kg/m?) per unit area, and negligible damping
R =0, we have X = —(Bk* — mw?)/w, and there is only one flexural mode that
occurs at k = k, > lkg| such that

U () & Z

n

kn

47r2Aa>(fcf — kﬁ)Po(k*, w)
5Bk} — 4B(kok.)? — ma?
—
where k, 1s the positive root of Bk* —ma? — pw?/,/k? — k3 = 0. Numerical
estimates may be made by substituting for Py(k,, ») from (15.24).

W(w) =

15.6 NOISE FROM FLUID FLOW IN PIPES

Piping system noise typically comes mainly from control valves (see Section
15.11) and high-speeds machines {see Chapter 18). However, under some cir-
cumstances the noise induced by flow through milder discontinuities (bends,
tees, swags, and other components) may be significant, Here we describe an
approximate approach for estimating this type of flow-induced noise.

Pressure fluctuations in the turbulent boundary layer drive the wall of the pipe,
causing it to radiate sound. As described in Section 15.5, the structural response of
a flexible wall to forcing by the boundary layer depends in a complex manner on
both the temporal and spatial characteristics of the pressure fluctuations. Seebold®
suggested the following approximate method for estimating the noise produced
by fluid flow in piping systems. The method estimates the noise that resnits
from boundary layer pressure fluctuations in fully developed turbulent flow m
uninterrupted straight pipes® and then applies a loss factor correction for local
discontinuities. This loss factor correction is based on the notion that the sound
power radiated at a discontinuity is approximately proportional to the square of
the pressure drop Ap there and can therefore be related to the pressure head loss
factor X, where Ap = K (3pU?).
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The sound pressure level at a distance of 1 m from the pipe mn the octave band
centered on frequency £, is approximated by

SPL = -35+40log U+20log p-+2010g K

t 1.83 fe fe

where U = gas flow velocity, m/s
= fluid density, kg/m?
t == ptpe wall thickness, m
D = inside diameter of pipe, m
. == octave-band center frequency, Hz
fr = nng frequency of pipe, Hz; = 1608/D for steel
K = total loss factor per 10-diameter pipe section, dimensionless

The spectral correction AL{f,) depends on the ratio of the octave-band center
frequency f. to the Strouhal frequency of the pipe flow, f, = 0.2U/D, as'!

fe fe
104 +11.4 log — for — <05

Ir fr
7 for 0.5 < ic_ <5

AL = ¥ ff P (15.26)
14 — 10 log =~ for 5<<5 <12
fp fr

41.9 —36.1 log L for f—‘- > 0.5

T 2

When employing (15.25), the piping system should be thought of as being
composed of segments 10 diameters in length. The total loss factor X is deter-
mined by adding the individual loss factors X for the flow fittings and elements
present within each 10-diameter segment of pipe. This total loss factor is then
entered in Eq. (15.25) to estimate the flow noise emanating from that segment
{(at a distance of 1 m from the pipe wall). Loss factors for various piping compo-
nents are provided in Table 15.2. For example, the loss factor for a straight pipe
is taken to be 0.12 velocity heads per 10-diameter segment. On the other hand,
a 10-diameter-long segment of pipiug containing an expander (1.5: 1), an elbow
(90°, R/D = 1.5), and a tee (flow-through run) would have a total loss factor of
approximately 1, K ~ 0.1 +033 405~ 1.

15.7 SPOILER NOISE

The term spoiler noise is used to characterize the noise produced by an obstacle
or other obstruction that spans a duct carrying a mean flow. We shall discuss the
case of air flowing in a duct or pipe that may be regarded as “semi-infinite” when
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TABLE 15.2 Pressure Head Loss Factors® K

Straight pipes (10-diameter- | 0.12

long segment)

45° Elbow | Screwed 0.42 Welded, R/D = 1029 | Welded, R/D = 1.50.21
90° Elbow | Screwed 0.92 | Welded, R/D = 1045 | Welded, R/D = 1.5/0.33
180° Elbow | Screwed 2.00 | Welded, R/D =1 0.60 | Welded, R/D = 1.5/043
Tees Thru branch | 1.80 Thru run | 0.50

(screwed)

Tees Thru branch | 1.40 Thru run | 0.40

(welded)

Reducer Dy/Dy = 031025 Dy/Dy = 05017 Dy /Dy =0.70.07
Expander Dy/Dy =3 10.80 Dy/ Dy =2]0.56 Dy/Dy = 1.2510.10
Sudden Dy/Dy =0.1]048 Dy/Dy = 033041 D,/Dy = 0.8 0.12
Contraction

Sudden DZ/DL =10 10.98 Dz/D; = 310.79 Dg,fﬁl = 1.2510.12
Expansion . :
@ After Ref. 9.

it is desired to estimate the acoustical radiation from the open end. A spoiler- |

noise-generating system is shown schematically m Fig. 15.12. In practice, the
spoiler may be a strut, stringer, guide vane, or other flow control device. The
nominally steady mean flow exerts unsteady lift and drag forces on the spoiler,
which accordingly behaves as an acoustical source of dipole type.

The following idealizations will be made:

1. The spoiler can be of arbitrary shape, but its cross-flow dimensions are
small relative to the pipe cross section. This ensures that the flow speeds
near the spoiler are not significantly greater than the pipe mean flow speed
and therefore that turbulence mixing noise (quadrupole) can be neglected.
Thus, the case of a valve, which produces a severe throttling of the flow,
is excluded (see Section 15.11).

2. The peak frequency of the noise spectrum is below the “cutoff” frequency
feo of the pipe, which 15 given by

0.293¢/r Hz (circular pipe
co = [ / ¢ PP ) } (1527)

0.5¢/w Hz (rectangular pipe)

SPOILER NOISE 633

Hard-walled pipe ?m Noise
\

or duct-—— propagoﬂon7
PR BT oRN IR IS, OIS |

Air flow — deg
Rl
Constricted flow
speed vp .

A, P N IO I S T |

Noise
Spotler radiation

FIGURE 15.12 Flow spoiler systemn. The sound power is generated by the unsteady
drag force on the spoiler and radiated from the open end of the pipe.

where ¢ = sound speed, m/s
r = radius of circular pipe, m
w = largest trangverse dimension of rectangular pipe, m

If this condition is not fulfilled, the propagated sound power near and above
the peak frequency (which determines most of the overall sound power) will be
influenced by transverse modes of the pipe.

3. The pipe wall is acoustically rigid. The fluctnating lift forces on the spoiler
are then canceled by images in the wall, and sound is produced solely by
the unsteady drag, which corresponds to an acoustical dipole whose axis
is parallel to the mean flow. A low-noise spoiler system should therefore
use bodies-of low drag, such as airfoils, rather than grids or other oddly
shaped bodies.

For several elementary flow spoiler configurations, such as the one shown in
Fig. 15.12, the fluctuating drag is directly proportional to the steady-state drag
experienced by the body. This depends on the pressure drop A P across the spoiler
(as measured by an upstream and a downstream total-pressure probe), and the
broadband noise radiated from the open end of the pipe is given by'?

k(APYD?
Wos = ——3= .
pZc

(15.28)

where W, = overall radiated sound power, W
k = constant of proportiopality, dimensionless
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AP = total pressure drop across spoiler, Pa
Dy = pipe diameter, m

o = atmospheric depsity, kg/m’

¢ = atmospheric sound speed, m/s

Specific information about spoiler geometry is absent from Eq. (15.28) but is’

implicit in the pressure drop A P. From a variety of experimental spoiler config-
urations the constant k is found to be about 2.5 x 107 for air.

Equation (15.28) determines the broadband sound power. It should strictly be
regarded as a lower bound that is applicable only if there are no discrete-frequency
components of the noise. These are present in certain conditions (e.g., excitation
of edge tones) and may well stand out against the broadband levels.'> When such
a mechanism has been identified, the discrete tones can usually be eliminated or
controlled by detuning or rounding off sharp comers or edges or cutting feedback
paths by treating reflecting surfaces with sound-absorbent materials.

The frequency spectrum measured outside the pipe for the noise generated by the
spoiler exhibits a haystack structure (Fig. 15.13) with a peak frequency given by

Ue

fom ot Hz (15.29)

where 1, = constricted flow speed, m/s
d = projected width of spoiler, m
b = constant that equals 0.2 £0t pressure differences AP of the order
4000 Pa and 0.5 for AP of the order of 40,000 Pa

The constricted flow speed u, for cold air is given in Table 15.3 as a function of
AP Values in between those in the table can be interpolated.

Example 15.3. Find the sound-power-level spectrum of noise produced by
a spoiler consisting of a flat plate of width 2 cm stretching across a circular
pipe of internal diameter I}, = 5 cm. The pressure drop across the spoiler is
AP = 10,000 Pa.

- G
54
g
@ . 20
2% -10
£z
28 -205
S
gs
a5
k) ¥
g a0
Q
33
Y ) '!4?)} P !;', &7 2}}, 41;, 67,

Frequency, Hz

FIGURE 1513 Generalized octave-band spectrum for in-pipe-generated spoiler noise
referenced to the total power radiated from the open end and the peak frequency.
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TABLE 153 Constricted Flow Speed u, for Cold
Air as Function of Pressure Drop

AP,Pa 2500 5000 10,000 20,000 30,000 40,000
e, TS 63 90 124 173 209 238

Solution From Eq. (15.28) the total sound power L, ~ 101 dB re 10712 W.
When AP == 10. 000 Pa, the peak frequency of the spectrum can be expected to
be at f, ~ 0.35u./d. '

From Table 15.3, we find u, = 124 m/s; hence f, &~ 2170 Hz. The sound

power spectrum m octave bands 1s obtained form Fig. 15.13 with 101 dB added
to the ordinate.

15.8 GRID OR GRILLE NOISE

The characteristics of noise produced by flow through gnds, grilles, diffusers,
guide vanes, or porous plates, which often terminate air conditioning ducts, are
similar to those of spoiler-generated sound. The principal differences are that
(1) the grid 1s located at the open end of the duct, (2) the duct cross-sectional
area is typically quite large (say, 0.04—1 m?), and (3) the velocity of the air in
the duct is usually small, rarely exceeding 30 m/s. The speed of the “air jets”
exhausting from the individual air passages (or orifices) in a diffuser is generally
low enough (<100 m/s) that jet nuxing noise can be neglected. The dominant
sound source is of dipole type and is associated with the interaction of the flow
with the diffuser elements (e.g., guide vanes).

When a duct is terminated by a grid of circular rods (Fig. 15.14a), periodic
shedding of vortices can occur, producing a fluctuating lift force on each rod
and an associated fonal component of the radiated sound. This source is a dipole
{whose axis is parallel to the lift direction) and is i addition to the drag dipole.
The frequency of the tone is given approximately by

- 0.2u
e 15.30
f Dr ( )
where u == mean flow speed, m/s
Dz = diameter of rods, m

Tonal oscillations produced by.a feedback mechanism can also arise when the
duct termination consists of a plate perforated with sharp-edged circular cylin-
drical apertures (Fig. 15.14b).

In general, however, the noise produced by typical air conditioner grids is
almost always broadband and of conventional dipole character, with the sound
power varying as the sixth power of the velocity. As in the case of spoiler noise,
the overall sound power can be related to the pressure drop AP across the grid,
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FIGURE 15.14 Special cases of duct terminations: {g) circular rods; () sharp-edge cir-
cular cylindrical holes.

mdependently of the specific grid geometry. To do this, we introduce the pressure
drop coefficient
. AP R
§=1— (15.31)
30U
where p = density of air, kg/m?
u == mean flow speed in duct prior to grid, m/s

Three typical diffuser configurations together with their pressure drop coefficients
& are illustrated in Fig. 15.15.! The values of £ for similar diffuser configurations
are usually available from the manufacturer. If not, they may be estimated from
this figure.

If not given by the manufacturer, the overall sound power level L., from air
conditioning diffusers can be estimated from the empirical formulal?

Ly = 10+ 10 x log(S&%u®) dBre 1072 W (15.32)

where S = area of duct cross section prior to diffuser, m?
AP = pressure drop through diffuser, Pa

The noise spectra of different diffusers do not exhibit identical shapes even
when normalized to similar flow speeds and exhaust areas. Construction dif-
ferences tend to emphasize different frequency regimes, and poorly designed
diffusers will radiate discrete-frequency sound. In practical noise control prob-
lems, however, a general spectrum shape L,, — 10 x log;,(S&%) (dB re 10~12 W)
can be used for each duct velocity u (in meters per second) that fits most diffuser
noise spectra to within about %5 dB, as shown in Fig 15.16.
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FIGURE 1515 Vanous duct terminations and their pressure drop coefficiens
& = AP/Lpu® The duct area § is in square meters. (After Ref. 14.)

To estimate the sound power spectrum of the radiation from a given dif-
fuser, first determine the relevant curve from Fig. 15.16 for the particular flow
speed. The ordinate in the figure is then increased by 10 x log,($&3) decibels to

yield the desired one-third-octave-band spectrum with a margin of error of about
+5 dB.



638 NOISE OF GAS FLOWS

60

{ — T
. v {m/sec} ///_-\\ \\
0.0 / L < \
R e.ji;’ ‘E‘\\\
30 I 501~ /_\\\ ™,

;

o 4.0 N

g £ 20 zmj§ < \x\\\\\

: ] ‘\ NG

g o /,///W_N\\\\\\ s 215

Q T TN 4

' o 4/ \\x\ 20

T,’k s AT \ \s.e

< ~101A4 \ \1‘2=~

\\LO u{mssec)

-20 '

20 50 100 200 500 1,000 2,000 5,000 10,000
F;gag‘gqe?ncv f, Hz

. N -y
Normalized sound-power level in one-third-octave bands, 48 re 10 2 wott

FIGURE 15.16 Normalized one-third-octave-band sound power level spectra for noise
radiated from diffusers of vatious flow velocities. (After Ref. 14.)

15.9 SOUND GENERATION BY AIRFOILS AND STRUTS

Noise of a Strut in a Turbulent Stream

Long struts, airfoils, guide vanes, and so on, which offer negligible drag to a
mean flow, frequently experience significant fluctuations in lift when exposed to
a turbulent stream and behave as dipole-type sources of broadband sound. The
strength of the radiation depends on the dimensions of the aurfoil and on the
turbulence intensity and correlation length of the velocity flactnations.

A simple description of the radiation can be given when the mean flow is of
low Mach number (say, <100 m/s in air) and when the distance to the nearest
boundary (e.g., duct wall) is at least of the order of the acoustical wavelength.
In these circumstances the freguency spectral density of the total radiated sound
power IT{w) is given approximately by

ala? o MP (wAJUY*
4(1 + wwa/ U1 + (@A UPP1 + (wa/3c)3113

Mw) = {15.33)

where @ == radian frequency, = 2xf, fin Hz
a = chord of airfoil, m
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[ = span of airfoil, m

p = density of mean stream, kg/m’

u = rms turbulence velocity in lift direction, m/s

U = velocity of mean stream, m/s
M = mean flow Mach number, = U/c, dimensionless
¢ = sound speed, m/s A
A = integral scale of turbulence velocity, m

The total radiated sound power W = fooo ﬁ(m) dw, In watls, can be esti-
mated from

B 1.78(a?/ My puPUM?
T (1 +10.71a/A)(1 4+ 1.79 Ma/A)

0<M=<03 (15.34)

At low frequencies the acoustical intensity exhibits the characteristic dipole field
shape, proportional to cos® 9, where  is measured from the direction of the mean
Lift. At higher frequencies (when the acoustical wavelength 18 much smaller than
the chord of the airfoil but still exceeds the airfoil thickness), the field shape
assumes a cardiond form, with a null in the forward direction and peaks close to
the direction of the mean flow.

Airfoil Self-Noise

In addition to gust/inflow turbulence-induced noise, an anfoil can also generate
self-noise when turbulence that arises from the natural instability of the boundary
layers on the surface of the aurfoil 1s swept past the trailing edge. This 18 usually
important when the hydrodynamic wavelength of the turbulence eddies is larger
than the airfoil thickness at the trailing edge. The mechanism of noise production
tends to be weaker than at the leading edge, because the violence of the unsteady
motion at the trailing edge is alleviated by vortex shedding into the wake, and
to be more prominent at igher frequencies.’

The noise may be ascribed to a distribution of lift dipoles near the trailing
edge. At low frequencies the acoustical intensity exhibits the characteristic dipole
field shape, proportional to cos? @, with a null in the plane of mean motion of the
airfoil. At higher frequencies (when the acoustical wavelength 1s smaller than the
chord of the airfoil) the field shape assumes a cardioid form, with a null in the
downstream direction and the peak in the forward direction. In either case, when
the trailing edge 1s at right angles to the mean flow, the frequency spectral density
of the overall sound power I1{(w) (in watt-seconds) is given approximately by

M(w) =

laa? < Py(ky, 0,
T / 0®1.0.9) 4, (15.35)
24pc3[1 + (wa/3cP13 J_oo |k
where Py(k, ) = blocked-pressure wavenumber—frequency spectrum on

airfoil just upstream of trailing edge (see Section 15.5)
k) = wavenumber component paralle]l to mean flow, m™*
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If the flow approaching the trailing edge is turbulent on both sides of the airfoil,
Py(k1,0, w) in Bg. (15.35) should be replaced by the sum of the wall pressure
spectra on the two sides.

When the Chase model [Eq. (15.24)] is used to estimate the wntegral in
Eq. (15.33), the frequency spectral density of the sound power radiated by a
section of the airfoil of spanwise length I (in meters) 18

0.08al8pv2 U (8] U,)>?

@)= A1 + (wa/3c)’ PR (ws/ U + 1.78F

(15.36)

where & = boundary layer thickoess, m
v, = friction velocity, m/s
U, ~ 0.7 x velocity of mean stream, m/s

and other quantities are defined after Eq. (15.35).' However, measured levels
of [(w) frequently exceed predictions of this formula. More detailed empirical
formulas are given in the references.'s’

‘When the frequency is high epough [beyond the range of applicability of
Eq. (15.36)] that the Strouhal number wh/U ~ 1, where A is the thickness of
the trailing edge of the airfoil, the shedding of discrete vortices from the trailing
edge can occur, provided the Reynolds number Ua/v based on the chord a of
the airfoil (dimensionless; v is kinematic viscosity in square meters per second)

does not exceed 10°~107. This producessa distinct contribution to trailing-edge

noise, often called “airfoil singing,” whose amplitude is not easily predicted.'®

15.10 FLOWS PAST CAVITIES

Sheared flow passing over a hole or opening in a wall can be the source of
intense acoustical tones. Instability of the mean flow over such a wall cavity
not only can excite hydrodynamic self-sustained oscillations but also can couple
with resonant acoustical modes of the cavity, as in the Helmholtz resonator.
Cavity tones are a frequent source of unwanted noise and vibration in branched
duct and piping systems, turbomachinery, and exposed openings on automobiles,
aircraft, and other high-speed vehicles. In this section we provide relationships
for deterrnining when flow over an opening that can be approximated as either
a rectangular cavity (Fig. 15.17a) or a Helmholtz resonator (Fig, 15.175) might
be expected to exhibit strongly resonant behavior.

Flow over Cavities of Uniform Cross Section

For cavities of the type shown iun Fig. 15.17a, resonant cavity oscillation occurs
when the frequency associated with the shedding of vorticity from the upstream
edge of the cavity is sufficiently high and the acoustical wavelengths within
the cavity are sufficiently short as to allow standing waves mside the cavity.
Longitudinal wave resonance 18 possible when the acoustical wavelength is less
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FIGURE 15.17 Examples of flows that sustain cavity resonances: (a) rectangular cavity
of uniform cross section; (b) non-axisymmetric Helmholtz resonator.

than twice the cavity length, ¢/f < 2L, and depth resonance is observed when
the acoustical wavelength is less than four times the cavity depth, ¢/f <4D.
For shallow cavities, where cavity length-to-depth ratio is large (L/D > 1), the
longitudinal standing waves are domunant, while for deep cavities (L/D < 1) the
depth resonance dominates.

Rossiter'® derived the following equation for the Strouhal number associated
with longitadinal cavity resonance modes:

JE_ m-§

= 15.37
Uw M+1/k, ( )

where k, = ratio of shear layer velocity to free-stream velocity, == U,/ Uy, =
0.57
m = mode number, = 1,2, 3, ..., dimensionless
£ == empirical constant, = (.25, dimensionless
L = cavity length, m
M = free-stream Mach number, = Uy /¢, dimensionless

Block! developed the following relation for the longitudinal cavity modes that
accounts for the dependence of the Strouhal number on the cavity L/D ratio as
observed in experimental data for shallow (L/D > 1) cavities:

E _ m
Ue 175+ M (1 +0.514/(L/D))

(15.38)
The following relation for depthwise modes of cavity oscillation was developed

by East®: o .
fL L )
Us (33) (D) (1 +0.65(L/D)0\75) (15.39)

Lucas,?' after comparing the ranges of validity of various cavity oscillation
models. recommends, for lIow to moderate Mach number, the use of Block’s
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formula (15.38) for shallow (L/D > 1) cavities. For deep cavities he suggests
use of East’s formula (15.39) to determine the resonance of the depth mode and
Rossiter’s formula (15.37) for the longitudinal resonance mode. For such deep
cavities the depth resonance will be the dominant mode.

Block® combined Egs. (15.38) and (15.39) so that the frequency for the shal-
low acoustical waves coincides with the depthwise acoustical modes, providing
the following formula for estimating the Mach pumber at which a cavity begms
to oscillate in a given mode m:

Y- 1.75L/ D
" 4m[1 +0.65(L/D)*™] — [(L/D) + 0.514]

(15.40)

Equation (15.40) was shown by Block!® to give adequate agreement with exper-
imental data for Mach numbers in the range of 0.1-0.5 and for L/D < 2.

Flow over a Helmholtz Resonator
The natural frequency f, of the Helmholtz resonator shown in Fig. 15.17b is
given by

¢ A,
" 27\ VoL

SN

Ja (15.41)

where ¢ = sound speed, m/s
A, = orifice cross-sectional area, m>
V, = cavity volume, m®
L.g = effective neck length of orifice, m

The following approximate expression?? for the effective neck length Leg in
the presence of a mean flow over the Helmholtz resonator accounts for an end
correction due to the entrained mass of the virtual piston forming the interface
between the neck and the exterior space (Jength AL,):

Lo = Lo + AL,
= L, +0.48/4, (15.42)

where L, is the length of the neck léngth of the orifice 1 meters.
An experimental study by Panton and Miller®® indicates a strong response of

the Helmholtz resonator excited by a turbulent boundary layer when
2dofn A 1
Uu. —

(15.43)

where d, = Helmbholtz resonator neck diameter, m
U, = boundary layer convection velocity, & 0.7U, m/s
U = mainstream velocity at outer edge of boundary layer, m/s
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In Eq. (15.43) f, is either the Helmholtz resonance frequency in Eq. (1541) or
the fundamental standing-wave (organ pipe) resonance. For the latter, the natural
frequency is approximately given by

c

= o (15.44)
Example 15.4. Many automobiles have a sunroof opening in their roof. Under
some conditions the interior volume of the automobile cabin can act in combi-
nation with such an opening to create a Helmbholtz resonator. If no measures are
taken to prevent such an occurrence, at what speed might we expect the auto-
mobile’s passengers to experience intense pressure fluctuations given a cabin
interior volume of approximately 3 m?, a square opening in the roof 0.4 m on a
side, and a combined thickness of the roof and edging surrounding the opening
of approximately 10 cm. K

Solution  Assuming an air temperature of 20°C, the speed of sound ¢ = 331.5 +
0.58T (in °C) = 343.1 m/s. The orifice cross sectional area A, = 0.4 x 0.4 =
0.16 m®. The effective length of the opening is given by Bq. (15.42) as Lo =
0.1 +0.48v0.16 = 0.29 m. Applying the above values and the cavity volume
of V, =3 m?, from Eq. (15.41) we expect the Helmholtz resonance to occur at
[ = 23.4 Hz. We take the neck diameter to be given by the length of the opening,
d, = 0.4 m. Substituting this value and that of the resonance frequency into
Eq. (15.43), we can solve for the convection velocity, U, &2 x 0.4 x 234 =
18.7 m/s. The cotresponding velocity of the mainstream, and thus our estimate of
the vehicle speed at which we expect to strongly excite the Helmholtz resonance,
is U = U,/0.7 = 26.7 w/s, or 96 kph.

15.11 AERODYNAMIC NOISE OF THROTTLING VALVES

The noise of gas control or throttling valves may generally be associated with
two sources: (1) mechanical vibration of the trim and (2) aerodynamic throttling.
Noise generation by these mechanisms rarely occurs simultancously, but when it
does, the cure of one is usually the cure of the other.

Aerodynamic Noise

The prediction of the noise radiated from the body of a valve and from the
downstream piping connected to it involves the following conceptual steps: (1)
prediction of the magnitude and the spatial and spectral distribution of the noise
inside the pipe based on the acrodynamic characteristics of the valve and the cross
sectional area of the pipe, (2) prediction of the vibration response of the pipe to
the internal sound field, (3) prediction of the sound radiation of the vibrating pipe.

In Step 1, the sound power generated by the valve has two components.
The first is owing to the dynamuc drag and lift forces (dipole) generated by the
interaction of the turbulent flow with the valve, which are roughly proportional
to the sixth power of the flow velocity. The second is sound power generated by
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the jet noise component {quadrupole), which 1s roughly proportional to the eighth
power of the jet exit velocity. At very high pressure ratios, when the flow in the
valve passage is supersonic, a shock pattern emerges downstream of the valve
and generates intense screech noise. The dipole mechanism dominates the intermal
sound field at low Mach numbers and the quadrupole at high Mach numbers,

Based on the scaling of experimental data,?* the lowest pipe wall attenuation
oceurs at fy = (fr/4) (ceus(T)/co), where fr is the ring frequency (Eq.15.58)
and ¢gs(T) and cp = 340 m/s are the speed of sound of the gas in the pipe at
local temperature and the that of air at room temperature respectively.

A fully analytical prediction procedure is too cumbersome. Consequently, the
valve industry has adopted a prediction procedure based on both analytical and
empirical methods that predicts the sound pressure level of the valve noise at 1
meter from the pipe wall directly from the aerodynamic properties of the valve
and the geometric and material properties of the pipe. The rest of this chapter
describes this semi-empirical prediction procedure.

Investigations of noise-induced pipe failures? have enabled maximum safe
sound power levels to be established for given pipe sizes and wall thicknesses,
as indicated in Fig. 15.18. The power levels shown i the figure correspond
approximately to a sound level of 130 dBA at 1 m from the pipe wall downstream
of the valve. Exceeding this level will most probably lead to piping failure, and a
limit of 110 dBA at 1 m is recommended for safety and to maintain the structural

integrity of valve-mounted accessories.
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FIGURE 15.19 Schematic flow profile and static pressure diagram of throttling valve
for various downstream pressures ().

The aerodynamic noise 18 determined by the mechanical stream power
Woneen strm = %m U? (m being the mass flow and U the velocity; see Section 15.3)
that is converted from potential energy (inlet pressure) to kinetic energy (velocity
head) within the valve and subsequently to thermal energy (corresponding
to reduced downstream pressure and an increase in entropy).?® The pressure
reduction (i.e., the conversion of kinetic into thermal energy) occurs via the
generation of turbulence or, when the flow is supersonic, through shock waves.
The sound power is equal t0 §Wyeen sems, Where ) 18 an acoustical efficiency
factor. Unlike the case of a jet discharging into the atmosphere, the jet from a
valve cannot expand freely, and only a fraction of the kinetic energy is converted
by turbulence into thermal energy. This is illustrated in Fig. 15.19, which is a
schematic view of a throtiling valve and the associated pressure profile for various
downstream pressures P;.* On curve A the flow is subsonic, and turbulence-
generated sound is predominantly of dipole type. At the critical pressure ratio
(P;/ P, = 1.89 for awr), curve B shows the presence of incipient shock waves
followed by subsonic recompression, with both turbulence and shocks as noise
sources. At higher pressure ratios recompression tends to be nonisentropic, and
sound 1s produced predominantly by shock waves (curve D).

“In the rest of this chapter all pressures are absolute static pressures (in pascals).
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Downstream of the vena contracta (D; in Fig. 15.19) a portion of the velocity
head is always recovered. The fraction lost is equal to F?, where Fy is an
experimentally determined pressure recovery coefficient that depends on valve
type and size.. The pressure drop P; — P, across the valve required to reach sonic
velocity in the vena contracta is Ff (P; — Py), where Py is the static pressure in
the vena contracta.’® In subsonic flow the remaining portion of the jet power
is recovered through isentropic recompression and is not converted to sound. If
there were no pressure recovery at the valve orifice and assuming sonic flow at
speed in ¢y meters per second (curve D in Fig. 15.19),

Wineet stm = 35 (15.45)
where m is the mass flow in kilograms per second, which also determines the
valve flow coefficient C,, [see Eg. (15.50) or Table 15.4] together with the specific

gravity G 7 of the vapor or gas (relative to air = 1) and the valve inlet pressure
P, {in pascals} such that

Wineen sum = 7.7 X 107U C Freg PGy W (15.46)

The total sound power is then

W = nWueeh stom = W (1547
e 5
W
Ly =10 xlog 1= dB (15.48)

‘When the pressure ratio is not sonic, n should be replaced by the acoustical power
coefficient 1,, determined below and (to simplify the calculations) should be used
in conjunction with the sonic mechanical stream power given by Eq. (15.45). The
acoustical power coefficient is further used in Eq. (15.53).

It may be remarked that the pressure recovery coefficient Fj, can be used to
predict the pressure Py in the vena contracta and also, to a satisfactory approxi-
mation, the area A, of the vena contracta by

, PP
Py= P, — _l_mzm% (15.492)
FL
CvFL 2
_ [ 15.49b
T TRVET S (15:490)

The valve’s flow coefficient C, can be calculated as follows:

1
214 % 10— Pm ——— AP <3FR
c, = VAP + PGy | (15.50)
1.95 x 107 e AP > =F}P,
F PGy 2
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TABLE 154 Factors for Valve Noise Prediction (Typical Values)

Percentage of
Capacity or .

Valve Type Flow To Angle of Travel C,/D%*¢ F, F,

Globe, single-port parabolic plug Open {1009 0020 090 046
Globe, smgle-port parabolic plug Open 75% 0015 0590 036
Gilobe, single-port parabolic plug Open 50% 0.010 0.90 0.28
Globe, single-port parabolic plug Open 25% 0.005 090 0.16
Globe, smgle-port parabolic plug Open 10% 0.002 090 0.10
Giobe, single-port parabolic plug Close 100% 0.025 080 1.00
Globe, V-port plug Open 100% 0016 092 050
Globe, V-port plug Open 50% 0.008 095 042
Globe, V-port plug Open. 30% 0005 095 041
Globe, four-port cage Open 100% 0.025 090 043
Globe, four-port cage Open 50% 0.013 090 036
Globe, six-port cage Open 100% 0.025 050 032
Globe, six-port cage Open 50% 0.013 050 025
Butterfly valve, swing-through vane e 75° open 0.050 056 057
Butterfly valve, swing-through vane — 60° open 0.030 067 050
Butterfly valve, swing-through vane e 50° open 0016 074 042
Butterfly valve, swing-through vane - 40° open 0010 078 034
Butterfly valve, swing-through vane e 30° open 0.005 0.80 026
Butterfly valve, fluted vane — 75° open 0.040 079 030
Butterfly valve, fluted vane — 50° open 0013 076 0.19
Butterfly valve, fluted vane e 30° open 0.007 082 0.08
Eccentric rotary plug value Open 50° open 0.020 085 042
Eccentric rotary plug value Open 30° open 0.013 091 030
Eccentric rotary plug value Close 50° open 0021 0.68 045
Eccentric rotaty plug value Close 30° open 0013 088 030
Ball valve, segmented Open 60° open 0.018 066 075
Ball valve, segmented Open 30° open 0.005 082 0.63

2D 13 the internal pipe diameter In .

Acoustical Efficiency

At Mach 1 a free jet has an acoustical efficiency n & 107* If it is assumed
that the sources of valve noise are dipoles and quadrupoles of equal magnitade
(5 x 107%) at the Mach 1 reference point, then their respective efficiencies are
represented by curves A and B in Fig. 15.20, and both curves can be combined
to yield a subsonic slope C that originates at 1 x 107* and varies as U>®, This
curve can be modified further to account for the decrease in Wyeen sum (XU?)
with subsonic velocities, leading to the final curve D for the effective efficiency
(i.e., acoustical power coefficient) 7, that varies as U®® or (Py/Py — 1)*Y
when U o (Pi/ Py — D, P, being the static pressure in the vena contracta.
This approximation gives satisfactory results for 0.38 <M <1 (i.e., down to
P/ Py = 1.1).
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FIGURE 15.20 Slopes of dipole and quadrupole acoustical efficiency curves, assuming
each has equal strength at Mach 1; their combined slope and the 7,, curve after subtracting
the effects of change in mass flow m and orificial velocity U for regions below Mach 1
from the combined curve.

For practical use it is convenient to express 7,, in terms of P,/ P> = inlet pres-
sure/outlet pressure. The following formulas?®?® may be used for this purpose:

regime I Pi/ Py < Pi/Prenpca (Subsonic):

- P—P
i = 1074 F2 (—»————— 15.51
it L\ PFI— P+ P, (1312

regimes I1 and L P/ Pocgicar < P1/Po < 3.2

» PP\
it = 1074 F? (————) (15.51b
i L P/ Pocriticar ' )
regime IV: 320 < P,/ Py < 220 (M, > 1.4):
- P/ Py
My = 1.32 x 1073 F? (~———-—) 15.51¢
v X P/ Pobreas ( )
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regime V: P, /P, > 22« (constant efficiency):
Ny == AKX value from regime‘I'V (15.51d)

where o == (Plfpgcﬁﬁcal)/l.89
Pl/PZbreak == (XV}”{(?—D at M == Vfi
y == ratio of specific heat of gas
P,/ Prciiticar = P1/(Py ~ 0.5P F})

The values of these parameters may be taken from Table 15.5.

When the downstream piping is straight and there are no sudden changes in
cross-sectional area, the highest internal %~octave band sound pressure level L
(re 2 x 107> Pa) downstream of the valve is given by

1w Co F1, P P2ci G5 B
D?

L, = —61+10 xlog (15.52)

where. D; = internal diameter of downstream pipe, m
G = specific gravity of gas relative to air at 20°C
co = /v By/ g, m/s (speed of sound)
y = ratio of specific heats
po = gas density at vena contracta, kg/m®

Pipe Transmission Loss Coefficient

Knowledge of the peak internal sound frequency f, is crucial for a proper pre-
diction of the pipe transmission loss coefficient 7. The coefficient Ty does not
vary significantly between the first cutoff frequency fy [see Eq. (15.58)] and the
ring frequency fz of the pipe (see lower curve in Fig. 15.21), but variations can
be large at other frequencies. The slope of T}, is about —6 dB per octave below
fo and +6 dB per octave above f,.2

For Mach numbers in the pipe less than about 0.3 and for relatively heavy
pipes (as found in typical process plants) it may be assumed that the minimum

TABLE 15.5 Important Pressure Ratios for Air®

Fy 05 06 07 08 09 10
Pi/Py critical  1.13 1.20 130 143 161 189
Py/P, break 195 207 224 240 276 325
o Ratio 060 064 068 076 085 1.0
220 13 14 15 16 19 22

Note: P/ P, critical = 1.89.
“May be used for other gases with reasonable accuracy.
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FIGURE 15.21 Test data taken on a 150-mm globe valve showing good agreement
using the stated transmission loss equation. Notice the resultant shift in the peak sound

frequency (f,) from ~4.8 kHz nside the pipe to the first cutoff frequency of the pipe
(fo) at 2.5 XHz outside the pipe.

transmission loss occurs at fy and is given by®®

2
Trs =10 x log [9 x 106% (% + 1)} dB (15.53)
where 7 = distance from pipe wall to observer, m
t, == thickness of pipe wall, m
D; = mternal pipe diameter, m
P, = internal static pressure downstream of valve, Pa
P, = external static pressure at same downstream distance, Pa

Typical values are given in Table 15.6. For flwids with higher sonic velocities

and for thinner pipe walls, the minimum value of Tz shifts toward the ring
frequency fr [see Eq. (15.58)1.

AERODYNAMIC NOISE OF THROTTLING VALVES 651

TABLE 15.6 Minimum Pipe Transmission Loss
Coefficient Ty;,"

Pipe Schedule

Nominal Pipe Size, m 40 80
0.025 72 76 .,
0.050 65 69 -
0.080 64 68
0.100 60 64
0.150 : 57 61
0.200 54 38
0.250 52 57
0.300 51 56
0.400 30 55
0.500 48 53

“At 1 m distance from steel pipe (dB) for 200 kPa mternal and
100 kPa external air pressure. Pipe schedules per ANSI B36.10,

The total transmission loss coefficient for the valve is now expressed in the
form '

Tp = Tpp + ATy, (15.54)

where the correction ATrf, (in decibels) 1s determined by the peak noise fre-
quency according to

20 x log fo =2 fo
fp
ATyp, = 13 x 10ng;’?- Ir =4fo (15.55)
[

20><10g4—"ii—+7.8 fo=4f
0

The peak frequency is estimated from?®

2 .
0.2Mcq <4
i
2 15.56)
Tr 0-28¢ M, >4 (

D; /M? -1

where c¢g = speed of sound at vena contracta, m/s
D; = jet diameter at valve orifice

; 1/2
2 P -y
== e -1 15.57
", {y_{((xpz) (15.57)

and
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Sr = —— =4 fy: for steel pipes and air fr~ SOﬂ (15.58)
Dl aD;
For a gas other than air fy must be multiplied by g gas/ €0, air-

The diameter D; is difficult to determine becaunse of the complex flow geom-
etry in many valves A reasonable approximation is to use the hydraulic diameter
Dy as the jet diameter and make use of a valve-style modifier F; (see Table 15.4)
to obtain

D~ 4.6x 107 F/CoFp m (15.59) .

This formula is not applicable if jet portions combme downstream (usually at
higher pressure ratios). This is common with multiple-hole valve cages,® short-
stroke parabolic valve plugs in the “flow to close” direction, and butterfly valves
at larger openings. >

The external sound leve] (measured at } m from the wall) is now given by

Lo=5+L,—T,—L, dBA (15.60)

where L, is a correction for fluid velocity m the pipe:

1.3 x 10-5P,C, F
3% 1 ‘*) (15.61)

= —16 x log (1 = D2F
P42

The laboratory test data shown in Fig. 15.21, taken with air on a DN150 globe
valve, exhibits good agreement between predicted and measured external valve
sound levels using 7 calculated from Eq. (15.54). In the absence of unusual
phenomena such as jet “screech,” Eq. (15.60) is found to be accurate to within
+3 dB assuming that all the valve coefficients are well established.

Accounting for Additional Noise due to High Velocities in Valve Qutlet

Gas expanding in volume due to pressure reduction in a valve can cause high
valve outlet velocities. These, in turn, can create secondary noise sources in the
downstream pipe or pipe expander.3:3

The first step is to estimate the valve’s outlet velocity (limited to sonic ¢z):

Ug =4 (15.62)
w2 (d?)
where d; 18 the valve diameter in meters.
The internal sound pressure level produced by this velocity is
Lyig =65 3 Vg
piR = -+ 10 10g MR—b—Z’“ (1563)
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Here

m 4?2
War = ?U [:(1 — -IT) + 02] (15.64)

and U
Mg = =% , (15.65)
Cy ’ :
Use Eq. (15.60) to calculate the external sound level Ly, substituting L,z for
L,,, and using Eq. (15.54) to calculate TL, here s,,ubstltutmg Jor for fp, where

U

for = 0.2—d§ (15.66)

The combined estimated external sound level at 1 m from the pipe from both
the valve and the downsiream piping now is

Lps = 10 log(102+/10 - 10E#/10 (15.67)

The reader m encouraged to review reference 24, which illustrates the use of
the prediction procedure in numerous examples.

Methods of Valve Noise Reduction

The two basic variables controlling the valve noise are the jet Mach number M;
and the internal peak frequency f,. In subsonic flows lower jet velocities can be
achieved by use of a valve trim that is less streamlined (F;, = 0.9, say).

At higher pressure ratios the only remedy is to use orifices or resistance paths
in series, so that each operates subsonically. Such a “zig-zag” path valve is shown
in Fig. 15.22. For example, for natural gas with an inlet pressure of 10,000 kPa
that is to be throttled down to 5000 kPa and assuming a valve pressure recovery
factor Fr = 0.9, the mternal pressure ratio P,/ Py for a single-stage reduction
would be P)/ Py = 2.35:1. However, using the trim from Fig. 15.22 with 10
reduction steps, the orificial pressure ratio for each step is now only 1.603: 1 with
an acoustical power coefficient of only 1.1 x 1077, Ignoring the partial addition
of 10 separate power sources, this represents a noise reduction of about 30 dB.

A less costly way to reduce “andible” valve noise is to increase the peak
frequency by using multiorifice trim, as shown in Fig. 15.23. The throttling is
still single stage, but the jets are divided into a number of parallel ports. This
reduces the value of the valve style modifier ; ~ 1/./n,, where n, is the number
of equally sized parallel ports. Since F, is proportional to jet diameter D;, f,
can be shifted to higher levels. Thus if n, = 16, as in Fig. 15.23, F; = 0.25 and
fp 1s four times higher than for a single orifice (F; = 1) with the same total
flow area. If the peak frequency occurs in the mass-controlled region, an overall
reduction 1 the external (audible) sound level of ATyy, = 20 x log(f,,/fp) =
20 % log(1/0.25) =~ 12 dB is achieved.
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FIGURE 1522 High-pressure reducing valve using multiple-step trim with a single
flow path. Ideally each step will have subsonic orifice velocity.

The beneficial effects of a reduction in velocity combined with higher trans-
mission. loss caused by increased frequency are obtained with the elaborate
arrangement shown in Fig. 15.24. This combines the multistep and multipath
approach by use of a layer of disks having mdividually cast or etched channels.

A more economical solution is to couple a static downstream pressure-reducing
device, such as a multihole restrictor, with a throttling valve with a fluted disk
as indicated in Fig. 15.25, The fluted disk generates multiple jets with increased
noise frequencies, although most of the energy is converted by the static pressure
plate. At maximum design flow the valve is sized to have a low pressure ratio of
1.1 or 1.15 and the remainder of the pressure reduction occurs across the static
plate having inherent low-noise throttling due to multistage, multihole design.

The most advanced and most compact form of a Iow noise valve trim is
shown m Fig. 15.26. It consists of identical stamped or cut plates and consti-
tutes a two-stage device, hence the narrow envelope. The device combines a
supersonic first stage with a subsonic second stage for lowest overall acoustic

efficiency, while retaming the final high frequency peak outlet sound level for
high transmission logses.
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FIGURE 15.23 Slotted valve cage subdivides single-step flow path in 16 separate open-
mgs (Fy = 0.25) to increase peak frequency and thereby transmission loss.

Y 1

Valve plug

Labyrinth type cage insert

FIGURE 1524 Labynnth-type flow path cast or machined into each of a stack of metal
plates swrounding a valve plug to provide a combination of multistep and multichannel
flow paths in order to reduce throttling velocity and increase peak frequency.
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FIGURE 15.25 Modulaung fluted butterfly valve cooperates with ftriple-stage static
resistance plate for purposes of pressure reduction. Static plates see 90% of pressure
drop at maxumum design flow. Balance is handled by the valve.

FIGURE 1526 A stacked trim made from identical plates offers most advanced noise
reduction. Here gas enters inlet orifices (A) configured as supersomic diffusers. These
orifices convert about 95% of the stream power of the gas through a mechamism of shock
waves; the gas then expands mnto sound-absorbing settling chambers (B) and finally exits
the trim through a senes of small subsonic passages (C).

Placing a silencer downstream of a valve is not cost effective because a good
portion of the sound power travels upstream or radiates through the valve body
and actuator, yielding noise reductions that typically do not exceed about 10 dB.
Similar remarks apply to acoustical insulation of the pipe wall, where attenuations
are limited to about 15 dB. The effectiveness of various abatement procedures is
summarized below:

1. One-inch-thick pipe insulation: 5—10-dB reduction
2, Doubling thickness of pipe wall: 6-dB reduction

REFERENCES 657

3. Silencer downstream: 10-dB reduction

4. Silencers upstream and downstream: 20-dB reduction

5. Multiport resistance plate downstream of valve: 15-20-dB reduaction (use
only 5~10% of valve inlet pressure as valve AP at maximum flow)

6. Special low-noise valve: 15-30-dB reduction h
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Engincering information and prediction procedures are presented describing
the sound power emission characteristics of various industrial machinery. The
types of eguipment addressed in this chapter include awr compressors, boilers,
coal-handling equiprnent, cooling towers, air-cooled condensers, diesel-engine-
powered equipment, fans, feed pumps, gas turbines, steam turbines, steam
vents, transformers, and wind turbines. The information has been extracted from
consulting project files and the results of field measurement programs. The
machinery noise prediction procedures are based on studies of empirical field
data sponsored by numerous clients, including the Edison Electric Institute and
the Empire State Electric Energy Research Corporation, for whom references
1-3 were prepared with the authors’ colleagues: Robert M. Hoover, Laymon N.
Miller, Susan L. Patterson, Anthony R. Thompson, and Istvdn L. Vér.

Characteristics identified and described for the noise produced by the machines
discussed 1o this chapter include the estimated overall, A-weighted, and octave-
band sound power levels (L) in dB re 1 pW, general directivity and tonal
characteristics observed in the far field of the source, and temporal characteristics
associated with the source operation. In addition, noise abatement concepts that
have proven to be useful to the authors during previous consulting projects are
described briefly. Successful noise control treatments often require a detailed
understanding of site-specific operating and maintenance requirements as well
as pertinent acoustical conditions at the site. We suggest that acoustical design
handbooks or experienced acoustical engineering professionals be consulted when
guidance is needed for specific design applications.

The information and procedures presented here can be used for numerous
engineering applications requiring predictions of the approximate acoustical char-
acteristics of new machinery mstallations and estimates. of the noise attenua-
tion that may be needed to meet local requrements. The prediction procedures
are expected to provide A-weighted sound-power-level estimates that are gen-
erally accurate to within about +3 dB. Individual octave-band sound-power-
level estimates will necessarily be somewhat less accurate than A-weighted
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Engineering information and prediction procedures are presented describing
the sound power emission characteristics of various industrial machinery. The
types of equipment addressed in this chapter include air compressors, boilers,
coal-handling equipment, cooling towers, air-cooled condensers, diesel-engine-
powered equipment, fans, feed pumps, gas turbines, steam turbines, steam
vents, transformers, and wind turbines. The information has been extracted from
consulting project files and the results of field measurement programs. The
machinery noise prediction procedures are based on studies of empirical field
data sponsored by numerous clients, including the Edison Electric Institate and
the Empire State Electric Energy Research Corporation. for whom references
1-3 were prepared with the authors’ colleagues: Robert M. Hoover, Laymon N.
Miller, Susan L. Patterson, Anthony R. Thompson, and Istvidn L. Vér.

Characteristics identified and described for the noise produced by the machines
discussed in this chapter include the estimated overall, A-weighted, and octave-
band sound power levels (L,) in dB re 1 pW, general directivity and tonal
characteristics observed i the far field of the source, and temporal characteristics
associated with the source operation. In addition, noise abatement concepts that
have proven to be useful to the authors during previous consulting projects are
described briefly. Successful noise control treatments often require a detailed
understanding of site-specific operating and majntenance requirements as well
as pertinent acoustical conditions at the site. We suggest that acoustical design
handbooks or experienced acoustical engineering professionals be consulted when
guidance is needed for specific design applications.

The information and procedures presented here can be used for numerous
engineering applications requinng predictions of the approximate acoustical char-
acteristics of new machinery installations and estimates of the noise attenua-
tion that may be needed to meet local requirements. The prediction procedures
are expected to provide A-weighted sound-power-level estimates that are gen-
erally accurate to within about £3 dB. Individual octave-band sound-power-
level estimates will necessarily be somewhat less accurate than A-weighted
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sound-power-level estimates. The prediction procedures estimate the equivalent
{energy average) Ly sound power level daring operation of one machine. For
equipment with intermittent operating cycles, the estimated sound power lev-
els may be reduced by 10 log (operating cycle) if long-term equivalent values
are required. When several identical machines are operating simultaneously, the
sound power levels can be increased by 10 log (number of machines). When
equipment 1s located within a large plant, other nearby large equipment may
provide some shielding that will reduce the noise radiated to distant neighbors
in shielded directions {see Chapter 7). When equipment is located within an
enclosed plant, a portion of the acoustical energy will be dissipated inside the
plant, leading to further reductions in the far-field noise. One should note that
doors, windows, and ventilation openings can substantially diminish the acous-
tical performance (composite sound transmission loss) of building exterior walls
(see Chapter 12).

The reader should try to obtain actual field data and/or manufacturers’ infor-
mation whenever possible for machines being studied. Information about the
noise produced by gas flows and fans in buildings is presented in Chapters 15
and 17. Noise abatement information is provided in several other chapters. Indoor
sound field characteristics are described 1n Chapters 6 and 7, and outdoor sound
propagation is discussed in Chapter 5. The noise emission information pro-
vided in this chapter is representative of equipment presently available in the
United States. Equipment in use in other countries may produce noise levels that
are somewhat different than presented hére. Prediction formulas for the over-
all sound power level are provided in the text of this chapter. Adjustments to

predict the A-weighted and octave-band sound power levels are provided in
Table 16.1.

16.1 AIR COMPRESSORS

The nowise produced by air compressors is radiated from the filtered air inlet,
the compressor casing, the interconnected piping and interstage cooler, as well
as the motor or engine used to drive the compressor. The noise produced by
air compressors can exhibit a distinctive duty cycle based on the demand for
compressed air and is generally considered omnidirectional and broadband and
absent prominent discrete tones. The air inlet noise of certain vacuum pumps
sometimes includes high levels of low-frequency pulsating noise.

Noise-estimating procedures presented in this section are applicable to conven-
tional industrial-, utility-, and construction-type air compressors without special
noise abatement packages. Air compressors are often available from their man-
ufacturer with special noise abatement packages that include various types of
inlet mufflers, laggings, insulations, and enclosures that provide varying degrees
of noise reduction. Acoustical data for these low-noise cowpressors should be
obtained directly from the manufacturer’s literature.
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TABLE 16.1 Adjustments Used to Estimate A-Weighted and Octave-Band L, ¢

Line Equipment? A-Weighted 31.5 63 125 250 3500 1000 2000 4000 8000

1 RR compressor 2 11 15 10 11 13 10 5 8 15
2 C Compressor case 2 0 10 11 13 13 11 7 8 12
3 C Compressor inlet 0 18 16 M4 10 8 6 5 10 16
4 8 boilers 9 6 6 7 5 12 15 18 21 24
5 L boilers 12 4 5 10 16 17 19 21 21 21
6  CC shakers 9 5 6 7 9 12 15 18 21 24
7  Rcar open 12 4 5 10 13 17 19 21 21 21
8 R car enclosed 10 305 11 14 14 4 18 19 19
S BL unloaders 9 8§ 5 8 10 12 13 18 23 27
10 CS uniloaders 11 3008 12 14 14 16 19 21 25
11 Coal crushers 9 6 6 6 10 12 1S 17 21 30
12 T towers 7 77 7 9 11 12 14 20 27
13 C mill (13-36) 5 4 6 8 11 13 13
14 Cmill 37-5%) 5 6 7 4 11 14 17
15 ND C towers [¢] 12 13 11 9 7 5 7
16 MD C towers 10 g & 6 g 12 16 19 22 30
17 MD C towers 1/28 5 9 6 6 10 1 11 11 14 20
18 A-C condenser 12 5 6 6 10 14 17 24 29 34
19 D engme 5 11 6 3 g8 10 13 19 25
20 Cfan1+4+0 5 9 7 g8 9 9 13 17 24
21 Cfan case i3 3 6 7 11 16 18 2226 33
22 R fan case 12 0w 7 4 7 18 20 25 27 31
23 Axial fan 3 11 10 9 8 8 8 10 14 15
24 S Fd pumps 4 1 s 7 8 9 10 11 12 16
25 L Fd pumps 1 19 13 15 11 5 5 7 19 23
26 C-C plant 11 7 3 7 13 15 17 19 23 21
27 S St turbines 5 17 6 9 10 10 12 13 17
28 L St turbines 12 9 3 5 10 14 18 21 29 35
29 SL blow-out 11 2 6 14 17 17 21 18 18
30 Transformers 0 -3 ~3 0 0 6 11 16 23

“Subtract values shown from estumated overall L,,; except for wansformers, subtract values from A-weaghted
sound level.

°RR: rotary and reciprocating; C: casing; S: small, L. large, CC: coal car; R: rotary car dumpers; BL: bucket
ladder; CS: clamshell; T: transfer; C. coal; ND C; natural-draft cooling; MD C: mechamcal~-draft cooling; A-C:
air cooled; D: diesel; C-C plant: mnside combined-cycle power plant main building; SL: steam lne.

The overall sound power level radiated by the casing and air inlet of rotary
and reciprocating air compressors can be estimated using Eq. (16.1) (see also
line 1 of Table 16.1). These relations for rotary and reciprocating compressors
assume that the air mnlet is equipped with a filter and small wuffler as normally
provided by the manufacturer:

Rotary and reciprocating compressor, overall L,, = 90 + 10 log(kW) (dB)
(16.1)
where kW is the shaft power in kilowatts. The casing and unmuffled air inlet
overall sound power levels for centrifugal air compressors in the power range of
11003700 kW can be estimated using Egs. (16.2) and (16.3) (see also lines 2
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and 3 of Table 16.1). The insertion loss of any muffler installed at the air inlet
should be deducted from the calculated inlet power levels:

Centrifugal compressor casing, overall L, == 79 4+ 10 logkW) (dB) (16.2)
Centrifugal compressor inlet, overall L,, = 80 + 10 log(kW) (dB)} (16.3)

The term log{x) represents the common logarithm to base 10 of the value of x.

Equations (16.2) and (16.3) do not include the noise radiated by the motor
or engine used to drive the compressor. Sound power levels calculated for the
driving equipment should be added to the calculated sound power levels for the
COMPIESSOL.

Mufflers, laggings, barriers, and enclosures have all been used with vary-
ing degrees of success to control the noise radiated from compressors to nearby
workspaces or neighborhoods. However, it is suggested that it is often most prac-
tical to specify and purchase a reduced-noise compressor from the manufacturer,

16.2 BOILERS

Two procedures are provided to predict the noise from boilers; one is for relatively
small boilers in the range of about 50--2000 boiler horsepower (one boiler horse-
power equals 15 kg of steam per hour). Another procedure is provided for large
boilers of the type that serve electric-ﬁ&%r—generating stations in the range of
100~ 1000 megawatts (MWe).

Small Boilers

The sound power output of small boilers is only weakly related to the thermal
rating of the boiler. The combustion air fans and the burners probably radiate
more noise than do the insulated sidewalls of small boilers. The overall sound

power level of small boilers can be estimated using Eq. (16.4) (also see line 4
of Table 16.1):

Small boiler, overall L,, = 95 + 4 log(bhp) (dB) (16.4)

Large Boilers

Noise levels measared in work spaces adjacent to large central-station boilers that
are not enclosed in a building (open boilers) are often in the range of 8085 dBA
at the lower half and 70--80 dBA at the upper half of the boiler. Noise levels
measured in the vicinity of enclosed boilers (generally found in areas with cold
climates) are often about 5 dBA higher. The overall sound power output of large
central-station boilers can be estimated by the relation given in Eq. (16.5) (also
see line 5 of Table 16.1):

Large boiler, overall L,, = 84 + 15 log(MWe) (dB) (16.5)
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The noise from boilers 1s essentially omnidirectional and broadband i character.
However, the combustion air or forced-draft fans, induced-draft fans, gas recir-
culation fans, overfire air fans, and drive motors sometimes produce tonal noise
and may increase the noise levels on their side of the boiler. A small mumber
of boilers have also been found to exhibit a strong discrete tone, usnally at a
frequency between about 20 and 100 Hz during operation at particular boiler
loads. This can be caused by vortex shedding from heat exchanger tubes that
excite an acoustical resonance within the boiler that in turn causes coherent
(rather than random) vortex shedding to occur at a boiler resonance frequency.
The low-frequency tonal noise that radiates from the boiler sidewalls has caused
strong adverse reactions from residential neighbors. Boiler operators have also
expressed concern about possible fatigue failure of vibrating tube sheets. Instal-
lation of one or more large metal plates to subdivide the interior of the boiler
volume and thereby change 1ts resonance frequency has successfully corrected
this problem. Additional information about this resonant condition and its control
is provided in references 4 and-5.

The typical broadband noise radiated by boiler sidewalls has been successfully
reduced with the use of a well-insulated exterior enclosure, which also serves
as weather protection for equipment and workers. The noise produced by fans
serving the boiler can also be controlled as described in Section 16.6.

16.3 COAL-HANDLING EQUIPMENT

A wide variety of noise-producing equipment, such as railcar, ship and barge
unloaders, transfer towers, conveyors, crushers, and mills, are used to unload,
transport, and condition coal for use at large industrial and utility boilers. The
results of numerous noise-level surveys have been studied and condensed to
prepare the following general notse prediction procedures for this equipment.

Coal Car Shakers

Coal car shakers vibrate coal cars during bottom unloading. The unloading oper-
ation of each car often occurs for about 2-5 min when the coal is not frozen.
When frozen coal is located-in the car, the shake-out operation can last for up to
10 min or longer. Car shakers are often located inside a sheet metal or masonry
building with little or no interior insulation for sound absorption. Shaker build-
ings include large openings at both ends and sometimes smaller openings and
windows along the sidewalls. They also include dust collection and ventilation
systems with fans that produce noise. The overall sound power produced during
a coal car shake-out can be estumated using the following relation (also see line
6 of Table 16.1):.

Coal car shake-out, overall L, = 141 dB (16.6)

Noise produced by the dust collection and ventilation fans can be estimated using
the relations provided in Section 16.6 and in Chapter 17
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The far-field noise produced by car shake-outs can be reduced by enclosing the
operation inside a metal or masonry building or by reducing the openings in any
existing building. In addition, modern car-shaking equipment is sometimes avail-
able that produces measured A-weighted sound levels about 10 dB lower than are
estimated with Eq. (16.6). Careful train movements can reduce the impact noise
associated with indexing the train through the shaker operation. Limiting the
shake-out operation to daytime hours also reduces the community noise impacts.

Rotary Car Dumpers

Rotary car dampers are often used to uunload long umit trains equipped with spe-
cial rotary couplings. It typically takes 2—3 min to unload unfrozen coal from
each car. A 100-car unit train can be unloaded in about 3-5 h unless delays
are encountered. The overall sound power produced during rotary car unload-
ing cycles can be estimated using Egs. (16.7) and (16.8) for open and enclosed
facilities (also see lines 7 and 8 of Table 16.1). However, short-duration mpact

sounds can be as much as 10-25 dB greater than the equivalent values given by
these relattons:

Rotary car open unloading, overall L., = 131 dB (16.7)
Rotary car enclosed unloading, overall L,, == 121 dB (16.8)

g
Noise abatement methods for rotary car dumpers are similar to those discussed
previously for car shakers.

Bucket Ladder and Clamshell Bucket Unloaders

Bucket ladder and clamshell bucket unloaders are often used to unload coal
delivered by ship or barge. This equipment is located outdoors along the dock line
with the electric motors and speed reduction gears often inside metal enclosures
for weather protection. Acoustical data studied to prepare the prediction relations
provided here were obtained at bucket ladder unloaders with free-digging rates
in the range of 1800-4500 metric tons per hour and clamshell unloaders with
free-digging rates in the range of 1600—1800 metric tons per hour. The energy-
averaged overall sound power level produced during operation of bucket ladder
and clamshell bucket unloaders can be estimated using Egs. (16.9) and (16.10)
(see also lines 9 and 10 of Table 16.1):

Bucket ladder unloader, overall L, = 123 dB (16.9)
Clamshell bucket unloader, overall L,, = 131 dB (16.10)

Nowse control treatments for bucket ladder and clamshell bucket unloaders

generally employ insulated enclosures for the drive equipment and limiting
unloading operations to daytime hours.
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Coal Crushers

Coal 1s sometimes conveyed to a crusher building where the chuoks are reduced
in size in preparation for firing in a power plant boiler. Noise produced during
crushing operations is a composite of the crusher, metal chutes, conveyors, drive
motors, and speed reducers. Coal crushing is usually an intermittent operation and
the noise is often ommnidirectional without major tonal components. The overall
sound power level produced during operation of the.crusher can be estimated in
accordance with the following relation (also see line 11 of Table 16.1):

Coal crusher, overall L, = 127 dB (16.11)

The far-field noise associated with coal-crushing operations can be reduced by
using a well-insulated and ventilated building to enclose the operation.

Coal Transfer Towers

Transfer towers reload coal from one conveyor to another as the coal is relocated
within the coal yard on its way to the plant. Transfer tower noise is comprised
of coal mmpacts, local conveyors, drive motors, and dust collection and ven-
tilation system fans. Coal transfer is usually an intermittent operation, and the
noise is often omnidirectional without major tonal components. The overall sound
power level produced during coal transfer in open buildings can be estimated in
accordance with the following relation (also see line 12 of Table 16.1):

Transfer tower, overall L,, = 123 dB (16.12)

Coal transfer operations can be enclosed in a well-ventilated building to reduce
the far-field community noise. In this case, the estimated far-field noise can be
mutigated by the composite sound transmission loss of the exterior building walls.
Fan noise associated with the ventilation system should be estimated with the
relations given i Section 16.6 or Chapter 17.

Coal Mills and Pulverizers

Coal mills and pulverizers crush and size coal in preparation for burning in
a boiler. The resulting noise is associated with internal impacts, drive motors,
speed reducers, and fans. The noise is essentially broadband, omnidirectional,
reasonably steady, and continuous while the plant is operating. The overall sound
power level produced by a coal mill in a building with large openings can be
estimated in accordance with the following relations for mills in the size ranges of
13~36 and 37-55 metric tons per hour (also see lines 13 and 14 of Table 16.1).
When coal mills are located i a closed building, the estimated far-field noise
can be reduced by the composite sound transmission loss of the exterior building
walls:

110 dB  13-36 metric tons per hour (16.13)

Coal mill, overall L, = { 112 dB  37-55 metric tons per hour  (16.14)
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16.4 COOLING TOWERS

The sound. power output of wet cooling towers 18 caused primarily by the water
splash in the fill and in the basin as well as by the fans, motors, and gears
used to provide draft in mechanical towers. The noise 1s usually continuous and
somewhat directive for rectangular towers. The noise produced by a specific pair
of large natural-draft hyperbolic cooling towers has. been observed to include a
modest low-frequency discrete fone associated with aerodynamic vortex shedding
at the base of each tower.

Methods that can be used to estimate the sound power output of natural-
draft and mechanical induced-draft cooling towers are provided below. Major
tower manufacturers can provide additional useful information regarding noise
estimates and noise abatement.

Natural-Draft Cooling Towers

The overall sound power radiated from the rim of large hyperbolic natural-draft
wet cooling towers can be estimated with Eq. (16.15) (see line 15 in Table 16.1).
Noise radiated by the top of the tower is usually not significant at ground eleva-
tions compared to the rim-radiated noise:

Natural-draft cooling tower rim, overall L,, = 86+ 10 log O (dB)
g (16.15)
where O is the water flow rate in gallons per munute (one cubic meter per nunute
is equal to 264 U.S. gallons per minute).

Inlet mufflers and fan assistance have been installed to control rim-radiated
noise for hyperbolic cooling towers in Europe when located near residential
neighbors. However, noise abatement.is expensive and not common for large
hyperbolic towers. :

Mechanical Induced-Draft Cooling Towers

The sound power produced by mechanical induced-draft wet cooling towers oper-
ating at full fan speed and at half fan speed can be estimated using the following
relations (also see lines 16 and 17 of Table 16.1):

Mechanical-draft tower full speed, overall

Ly = 96 + 10 log(fan kW) {dB) (16.16)
Mechanical-draft tower half speed, overall

L, = 88 + 10 log(fan kW) (dB) (16.17)

where kW 1s the full-speed fan power rating 1o kilowatts for both relations.
The above relations apply in all horizontal directions from round towers and
most directions away from the inlet face of rectangular towers. For directions
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away from the enclosed ends of rectangular towers, the far-field noise is several
decibels less than estimated above due to the effects of shielding by the solid
closed ends. For a line of as many as 610 rectangular towers, the far-field noise
from the enclosed ends could be as much as 56 dB less than estimated, based
on ommdirectional radiation using Egs. (16.16) and (16.17).

Reduced fan speed is a common method used to mitigate the noise from
mechanical-draft cooling towers during evening and nighttime hours when excess
cooling capacity may be available due to reduced ambient air temperatures. In
multiple-cell tower installations, it 1s preferable to reduce the fan speed for all
cells rather than to shut down unneeded cells; the fans' speeds should be prop-
erly selected to avoid introducing a strong acoustical beat. Another commeon noise
control method 1s to install wide-chord high-efficiency fan blades that can provide
the necessary fan performance at reduced speeds. In addition, mechanical-draft
towers with centrifugal fans may be selected because they can sometimes be
designed to produce less noise than towers with propeller fans, although at some
energy cost. Mufflers have also been installed at the air inlet and discharge to
reduce both the fan and water noise. However, the mufflers must be protected
from the wet environment, can become coated with ice during freezing weather,
and imntroduce an additional aerodynamic restriction that must be overcome by
the fan. Barrier walls and partial enclosures have successfully shielded neighbors
from cooling-tower noise; however, barrier walls that avoid excessive restric-
tions to the airflow often limut their acoustical benefit for protecting far-field
locations.

16.5 AIR-COOLED CONDENSERS

The sound power output of air-cooled condensers {dry cooling systems) is caused
primarily by the fans used to move air across the condenser with some additional
noise contribution from the motors and gears. The noise is usually continuous
and somewhat directive for rectangular installations. The sound power output of
dry air-cooled condensers does not, of course, include the water splash noise
associated with wet cooling towers.

The need to reduce water consumption is causing the increasing trend to
install air-cooled condensers even at large industrial facilities, When installed at
a moderate to large new combined-cycle power plant, the fans for the forced-
draft air-cooled condenser can contribute approximately the same sound power
output as the balance of equipment at the plant. Fortunately, low-noise fans are
now readily available for air-cooled condensers that produce comparable airflow
rates and 3-6 dBA less noise than do conventional fans. These low-noise fans
include high-efficiency wide-chord blades operating at reduced tip speeds. For
some installations, noise reductions greater than 6 dBA can be available.

To avoid water consumption, power consumption, and fan noise generation,
atr-cooled systems are installed in hyperbolic natural-draft towers.
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The sound power produced by air-cooled condensers with low-noise fans oper-
ating at full speed can be estimated using the following relation (also see line 18
of Table 16.1):

Air-cooled condenser full speed, overall L,, = 84 + 10 log(fan kW) (dB)
(16.18)
where kW is the full-speed fan power rating in kilowatts.

The above relation applies in all horizontal directions from a low-noise unit; a
standard unit will produce greater noise. It is suggested that fan- and air-cooled
condenser manufacturers be contacted to obtain useful information regarding
noise estimates and noise abatement for specific applications. See also references
6 and 7 for mformation about air-cooled condenser noise generation and prop-
agation. Summary comparisons of the operating performance of wet, dry, and
parallel condensing systems are provided in reference 8.

16.6 DIESEL-ENGINE-POWERED EQUIPMENT

When machinery such as compressors, generators, punips, and construction equip-
ment is powered by a diesel engine, it is usually the diesel engine that is the
dominant noise source. ‘

Mobile construction and coal yard equipment powered by diesel engines, such
as dozers, loaders, and scrapers, often produces in-cab A-weighted noise levels
as high as 95-105 dB. Methods to retrofit and reduce in-cab noise levels for
several loaders and dozers have been developed, field tested, and documented in
references 9 and 10. Well-designed cabs and noise control features are now often
available from major manufacturers when purchasing new diesel-engine-powered
mobile equipment.

A simple relation for estimating the maximum exterior overall sound power
level for naturally aspirated and turbocharged diesel engines used to power equip-
ment is provided in Eq. (16.19) (also see line 19 in Table 16.1):

Diesel engine equipment, overall L,, = 99 + 10 log(kW) (dB) (16.19)

The above relation assumes that the engine has a conventional exhaust muffler
in good working condition as typically provided by the engine manufacturer and
further assumes that the engine is operating at rated speed and power. Noise
associated with material impacts during equipment operation is not included.
Equipment used on construction sites often operates at part power.
Measurements obtained at the operating equipment indicate that work-shift-long
equivalent Loq sound levels are therefore typically about 215 dB less than the
maximum values provided by Eq. (16.19). It is assumed that the following values
could be subtracted from the Eq. (16.19) maximum levels to obtain work-shift-
long equivalent Leq levels. When project-long equivalent L., levels are required,
the estimated values can be further reduced to account for the percentage of time
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that the equipment will actually operate on the construction site [10 log(operating

time/project time)]: Y
3-4 dB  Backhoes, rollers
5-6 dB Dozers, graders, haulers, loaders, scrapers
7-8 dB  Air compressors, concrete batch plants, mobile cranes, trucks
12-13 dB Derrick cranes, paging systems

When stationary diesel-engine-driven equipment 1s located inside masonry or
metal buildings, it is necessary to consider the sound power radiated by the
engine inlet, the engine casing, the engine exhaust, and the engine cooling fan as
well as the driven equipment. It is also necessary to account for the attenuation
expected from the building walls and openings, the inlet filter/muffler, the exhaust
muffler, and mufflers to be installed at building openings that serve ventilation
and cooling systems. Additional information about the propagation of noise from
equipment located mside buildings and about muffler systems is provided in
Chapters 9 and 17.

16.7 INDUSTRIAL FANS

The noise produced by industrial fans is caused by the dynamic interaction of
the gas flow with rotating and stationary surfaces of the fan. Noise produced
by shear flow is usually not considered important. Broadband fan noise results
from the random aerodynamic interactions between the fan and the gas flow. The
prominent discrete tones produced by centrifugal fans result from the periodic
interaction of the outlet flow and the cutoff located directly downstream of the
blade trailing edges. Tonal noise produced by axial-flow fans results from periodic
interactions between distorted inflow and the rotor blades as well as the rotor
wakes and nearby downstream surfaces, including struts and guidevanes. This
tonal noise is usually most prominent at the harmonics of the passing frequency
of the fan blade (number of blades times the rotation rate in revolutions per
second). Detailed information about the noise associated with gas flows and fans
is provided in Chapters 15 and 17.

The noise produced by new forced-draft fans can be controlled most easily with
the use of ducted and muffled inlets. Sometimes the ducted inlet is extended to
a location in the plant where warm air is available and additional ventilation is
needed. To provide further noise reduction, acoustical insulation lagging should be
considered for the inlet and outlet ducts and the fan housing. Open-inlet forced-draft
fans can be located within an acoustically treated fan room that contains the fan and
its noise. However, workers inside the fan room during inspections and maintenance
will be exposed to high levels of fan noise and should wear ear protection.

Discharge noise of large induced-draft fans radiated from the top of the stack to
residential neighbors has caused serious community noise problems. The fan and
duct system design should include provisions to control this noise if residential
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areas are located within %—1 mile of the plant. Mufflers used for induced-draft
fan service at boilers and furnaces should be of the dissipative, parallel-baffle,
open-cavity type tuned to the harmonics of fan blade passing frequency. These
mufflers are built to avoid fly-ash clogging and include erosion protection to
ensure adequate long-term performance. They can usually be designed to intro-
duce a pressure loss in the range of about 1040 mum water gauge. Consideration
should also be given to the noise attenuation that will be provided by any flue
gas scrubbers, filters, or precipitators that are to be located between the mduced-
draft fan and its stack. Alternatively, variable-speed fan drives can be installed
to reduce nighttime noise at cycling plants that shed load during nighttime hours.
This has the added benefit of also reducing the power consumed by the fans and
reducing the erosion rates and stresses of rotating components. When multiple
fans are mstalled, they should be operated at the same speed to avoid acoustical
beats between the fan tones. (see references 3 and 11).

When an induced-draft centrifugal fan discharges directly to a stack, it is not
uncommon for the tonal fan noise to radiate relatively long distances from the top
of the stack. This tonal noise 1s generated by the fluid dynamic mteraction of the
gas flow leaving rotating fan blades and the stationary cutoff of the fan. This noise
propagates with little attenunation up the stack and radiates from the stack top.
Some success in reducing the magnitude of this tonal noise at large industrial
centrifugal fan installations has been achieved by modifying the geometry of
the cutoff. The fabrication and mstallation of “slanted” and rounded cutoffs, as
described in reference 12, have been shdwn to reduce the tonal noise level by
about 310 dB with no observed loss in fan performance.

Well-designed and sized inlet and outlet ducts that properly manage the flow
are essential to avoid excessive fan noise. Inlet swird, distorted mflow, and exces-
sive turbulence can result in high noise levels and reduced system efficiency.
Useful design guidelines have been established by the Airr Movement and Control
Association (AMCA) for large industrial fan installations.

Procedures are provided in this section to estimate the overall sound power
output of large industrial fans operating at peak efficiency conditions with undis-
torted mflow. Experience indicates that fans operating with hughly distorted inflow
or at off-peak efficiency conditions often produce sound power levels that may
be 5-10 dB higher than indicated below. Centrifugal- and axial-flow fans pro-
duce less sound power when operating at low speeds and reduced working points
than during full-load, high-speed operation. For part-speed operation, the sound
power levels estimated below can be reduced by about 55 log(speed ratio).
Additional information about fan noise generation and attenuation is provided
n reference 13.

Centrifugal-Type Forced-Draft and Induced-Draft Fans with
Single-Thickness, Backward-Curved or Backward-Inclined Blades
or Airfoil Blades

The overall sound power level radiated from the inlet of forced-draft centrifu-
gal fans and the outlet of induced-draft centrifugal fans (with single-thickness,
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backward-curved or backward-inclined blades or airfoil blades) can be estimated
with the relationship provided in Eq. (16.20) (also see line 20 of Table 16.1):

Centrifugal fan, overall L,, = 10+ 10 log Q + 20 log(TP) (dB) (16.20)

where O is fan flow rate in cubic meters of gas per minute and TP is fan total
pressure rise in newtons per square meter at rated conditions.

To account for the tonal noise, 10 dB should be added to the octave bands con-
taining the fan blade passing frequency and its second harmonic. For multiple-fan
instailations, the estimated sound power levels should be mcreased by 10 log N,
where N is the number of identical fans.

The overall sound power level radiated from the uninsulated casing of cen-
trifugal fans can be estimated with the relationship provided m Eq. (16.21) (also
see line 21 of Table 16.1). To account for the tonal noise, 5 dB should be added
to the octave band contaimng the fan blade passing frequency:

Centrifugal fan casing, overall L, = 1 + 10 log @ + 20 log(TP) (dB)
(16.21)

where  and TP are as defined for Eq. (16.20).

The sound power radiated by the uninsulated discharge breaching is about
5 dB less than the sound power estimated using Eq. (16.21) for the fan casing.

'The overall sound power level radiated from the casings of radial-blade cen-
trifugal fans with ducted mlets and outlets, such as are sometimes used for gas
recirculation and dust collection service, can be estimated with the relationship
provided in Eq. (16.22) (also see line 22 of Table 16.1):

Radial fan casing, overall L, = 13 + 10 log @ + 20 log(TP) (dB)
(16.22)
where again Q and TP are as defined for Eq. (16.20).
To account for the tonal noise, 10 dB should be added to the octave bands
containing the fan blade passing frequency and its second harmonic.

Axial-Flow Forced-Draft and Induced-Draft Fans

The overall sound power level radiated from the inlet of forced-draft axial-flow
fans and the outlet of induced-draft axial-flow fans can be estimated with the
following relation:

Axial-flow fan, overall L,, = 24 + 10 log @ + 20 log(TP) dB) (16.23)

where O and TP have been defined in Eq. (16.20).

To account for the tonal noise, 6 dB should be added to the octave band
containing the fan blade passing frequency and 3 dB should be added to the
octave band containing its second harmonic. For multiple-fan installations, the
above estimated values should be increased by 10 log N, where N is the number
of identical fans.
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Ventilation Fans

The sound power output of indusirial ventilation fans can be estimated using
Eq. (16.20) for centrifugal ventilation fans or Eq. (16.23) for axial-flow ventila-
tion fans; also see Chapter 17.

16.8 FEED PUMPS

It 1s common for the noise radiated by a pump motor set to be dominated by
the motor noise. One exception is the relatively high-flow, high-head pumps
used for boiler and reactor feedwater service in large modern power-generating
stations that operate in the United States. These feed pumps are usually driven
by an electric motor, an auxiliary steam turbine, or the main turbine-generator
shaft. Midsize pumps generally produce broadband noise without strong tonal
components. The larger pumps, however, comumonly produce both broadband
noise and strong midfrequency tonal notse. Feed pump noise is omnidirectional
and continuous during plant operation.

A high-performance thermal-acoustical blanket insulation, described in
reference 14, has been developed and evaluated at field installations specifically
for use with equipment such as noisy feedwater pumps, valves, and turbines.
This thermal-acoustical insulation provides far better noise attenuation than
conventional blanket insulations. It is also easier to remove and reinstall during
maintenance and inspections than most rigid insulations. It has been successfully
used as a retrofit insulation at installed pumps, turbmmes, valves, and lines
and has been used by equipment manufacturers at pew installations requiring
reduced noise levels. The use of flexible thermal-acoustical insulation to control
noise avoids the mechanical, structural, and safety problems associated with the
large ngid enclosures that have sometimes been used at boiler feedwater pump
installations. Note that experience in Germany indicates that it 1s possible to
design and operate boiler feedwater pumps that produce relatively low noise
levels without external means for controlling the noise.

The overall sound power level radiated by boiler and reactor feedwater pumps
can be estimated using the information provided below for pumps in the power
range of 1-18 MWe:

Rated Power Overall Sound

(MWe) Power (dB)
1 108
2 110
4 112
6 113
9 115
12 115
15 119
18 123
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Octave-band and A-weighted sound power levels for boiler and reactor feedwater
pumps can be estimated by subtracting the values provided in line numbers 24
and 25 of Table 16.1 from the overall power level estimated above.

16.9 INDUSTRIAL GAS TURBINES

Industrial gas trbines are often used to provide reliable, economic power to drive
large electric generators, gas compressors, pumps, or ships. A prediction scheme
for the combustion noise of flightworthy gas turbine engines used in aircraft
operations (turbojet, turboshaft, and tarbofan engines) is provided in Chapter 15.
The noise produced by industrial gas turbine installations is radiated primarily
from four general source areas: the inlet of the compressor; the outlet of the
power turbine; the casing and/or enclosure of the rotating components; and vari-
ous auxiliary equipment, including cooling and ventilating fans, the exhaunst-heat
recovery steam generator, poorly gasketed or worn access openings, generators,
and electric transformers. Each of the above areas should receive considerable
attention if an industrial gas turbine is to be located successfully near a quiet
residential area.

Operation of nnmuffled industrial gas turbines of moderate size would produce
sound power levels of 150160 dB or greater. Because the resulting noise levels
would be unacceptable, essentially all industrial gas turbine installations include
at least some noise abatement provided by the manufacturer. Noise abatement
performance requirements may call for reducing the sound power output to levels
as low as 100 dB for installations located near sensitive residential areas.

Noise radiated from the compressor inlet includes high levels of both broad-
band and tonal noise, primarily at frequencies above 250-500 Hz. This mid- and
high-frequency noise is controlled with the use of (a) a conventional parallel-
baffle or tubular muffler comprised of closely spaced thin baffles and (b) inlet
ducting, plenum walls, expansion joints, and access hatches that are designed to
contain the noise and avoid flanking radiation.

Noise radiated by the casings of rotating components is typically contained
with the use of thermal insulation laggings and close-fitting steel enclosures that
include interior sound absorption and well-gasketed access doors. It is not uncom-
mon for the enclosure to be mounted directly on the structural steel base that
supports the rotating components. This encourages the transmission of structure-
bore noise to the enclosure and can limit its effective acoustical performance
at installations requiring high degrees of noise reduction. Off-base mounting of
the enclosure can be considered for installations where noise abatement perfor-
mance must be improved. In addition, many large industrial gas turbines are
being installed within a turbine-generator building that provides weather protec-
tion and additional reduction of noise radiated through the enclosure from the
rotating components.

Noise radiated from the power turbine outlet includes high levels of both
broadband and tonal noise at low, mid, and high frequencies, with the low-
frequency noise being the most difficult and expensive to control at simple-cycle
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mstallations (without heat recovery boilers) located near residential areas. The
wavelength of sound at about 30 Hz is on the order of 15-20 m i the gas
stream at the back end of the power turbine, thereby increasig the required size
of the discharge mufflers. Furthermore, low-frequency exhaust noise has caused
significant community noise problems when the sound level in the 31-Hz octave
band exceeded about 70 dB at sensitive residential areas. This low-frequency
exhaust noise mught be best controlled by the manufacturer with mmproved gas
management designs behind the power turbine. The outlet noise is typically con-
trolled with the use of (a) conventional parallel-baffle or tubular mufflers that
include thick acoustical treatments; (b) additional dissipative or reactive muffler
elements tined to attenuate low-frequency noise; and (c) outlet ducts, plenum
chamber, expansion joints, and access hatches that include adequate acoustical
treatments to avoid flanking along these paths and their radiation of exces-
sive noise.

At combined-cycle and cogeneration plants, heat recovery steam generators
(HRSGs) are installed downstream of the power turbine to absorb waste heat
from the exhaust streamn. The HRSG also serves to attenuvate the stack-radiated
turbine exhaust noise, often by as much as 1530 dBA, depending on the con-
figurations and sizes of the gas turbine and HRSG. The HRSG can eliminate,
or at least reduce, the performance requirements of the exhaust muffler. Also,
the HRSG reduces the exhaust gas stream temperature, the wavelengths of the
exhaust sounds, and the required size..of an exhaust muffler. It is necessary to
consider and account for the noise radiated from the surfaces and various steam
vents of the HRSG. It is suggested that most HRSG manufacturers can provide
technical information describing the noise radiated from their equipment. See
also references 15—19 for additional information.

Noise produced by auxiliary cooling and ventilation fans can be conirolled
effectively with the use of high-performance low-speed fan blades, muffiers, or
partial enclosures, depending on specific site and installation requirements. The
contro} of transformer noise, if required for a specific installation, is discussed in
Section 16.11. The control of noise radiated from the sidewalls of heat recovery
steam generators can be accomplished with large barrier walls or an enclosing
building.

Combined-cycle gas turbine power plants produce relatively steady noise as
well as relatively brief intermittent loud noises often associated with steam vent-
ing and steam bypass operations. Noise levels of 7580 dBA or greater at 300 m
are not uncommon; however, these intermittent sources can usually be reduced
5-10 dBA or more. Further information about such mtermittent loud noise from
power plants i8 provided in reference 20.

Sound-power-level prediction procedures are not provided here specifically
for industrial gas turbines because of the rather wide range of noise control
treatments available within the industry. Many manufacturers offer their machines
with a variety of optional noise abatement treatments, ranging from modest to
highly effective. For example, 50-100-MWe installations, with or without heat
recovery boilers, are readily available with noise abatement treatments resulting

g

STEAM TURBINES 675

m A-weighted noise levels in the range of 50-60 dB at 120 m. Installations
with lower noise  levels are available from certain manufacturers and can be
designed by several independent professionals who have specialized in the control
of noise from industrial gas turbines. Combined-cycle plants in the range of
500-600 MWe have been designed and constructed to meet 43 dBA at 300 m.

The overall sound power level of the combined-cycle equipment located within
the main power building, including the combustion turbine, HRSG, steam turbine,
generators, and support equipment can be estimated with the following relation
(also see line 26 of Table 16.1):

Inside main power building, overall L, = 96 + 10 log{4)  (dB) (16.24)

where A is the wall and roof area of the building in square meters.

This relationship 15 based on field measurements obtained near the outer
wall and roof areas at numerous combined-cycle and cogeneration power plants.
Equation (16.24) assumes that the interior surfaces of the building have sound
absorption, with a resulting average sound level of 85 dBA at the outer. wall
and roof areas. For buildings without significant sound absorption treatment, the
estimates should be increased by 5 dB. The interior sound level and the build-
ing shell transmission loss will determine the amount of noise that radiates to
the outdoors from the main plant equipment. For additional discussion on these
plants, see reference 21. .

One early but important step in the design of a new gas turbine installation
is the preparation of a reasonable and well-founded technical specification by
the buyer or buyer’s acoustical consultant that fully describes the site-specific
noise requirements. Methods and procedures for preparing gas turbine procure-
ment specifications. that describe expected noise-level limits™ are included 1n
ANSVASME B133.8-1977 (R1996). If residential neighbors are near the. site,
the reader is cautioned to consider fully the site-specific needs when planning
control of the low-frequency exhaust noise. Several independent consultants with
wany years of gas turbine experience have suggested that the noise-level thresh-
old of complaints resulting from low-frequency noise in the 31-Hz octave band
is about 6570 dB, measured -at residential wood-frame homes. Higher levels of
low-frequency noise can sometimes vibrate the walls and rattle the windows and
doors of wood-frame homes and result in varying degrees of annoyance. Gas tur-
bine manufacturers, however, correctly indicate that-low-frequency noise control
treatments are expensive and that ‘many mdustrial gas turbines are operating that
produce higher levels of low-frequency noise in residential areas without causing
complaints.

16.10 STEAM TURBINES

Two procedures are provided to predict the sound power radiation from steam tur-
bines; one is for the relatively small turbines in the power range of 400—8000 kW
that operate at about 3600-6000 rpm and are often used to dmve auxiliary
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equipment at a plant where steam is readily available. Another procedure 1s pro-
vided for large steam turbine generators in the range of about 200-1100 MWe
used at central electricity-generating stations. Thermal-acoustical blanket insula-
tion that has been developed to control noise radiated from equipment mcluding
steam turbines is discussed in Section 16.8 and reference 14.

Auxiliary Steam Turbines

The overall sound power output of auxiliary steam turbines, with common ther-
mal insulation installed, can be estimated using Eq. (16.25) (see also line 27 of
Table 16.1). This noise is considered to be omnidirectional, generally nontonal,
and continuous when the driven equipment is operating:

Auxiliary steam turbine, overall L, = 93 + 4 log(kW) (dB) (16.25)

Large Steam Turbine-Generators

The overall sound power output of large steam turbine-generators can be esti-
mated using Eq. (16.26). This includes the noise radiated by the low-pressure,
intermediate-pressure, and high-pressure turbines as well as the generator and
shaft-driven exciter. The turbine-generator produces both tonal and broadband
noise. The tonal components produced by the generator are typically most notice-
able at 60 and 120 Hz for 3600-rpm glachines and 30, 60; 90, and 120 Hz for
1800-rpm machines: @

Large steam turbine-generator, overall L, = 113 4 4 log(MW) (dB)
(16.26)
Octave-band and A-weighted sound power levels for large steam turbine-
generators can be calculated by subtracting the values provided m line 28 of
Table 16.1 from the overall sound power level estimated using Eq. (16.26).
Most major manufacturers of large steam turbine-generators will provide their
equipment with additional noise abatement features that reduce the noise by about
5-10 dBA, when required by a well-written purchase specification. The rever-
berant noise inside a turbine building can also be reduced through the proper
selection of the building siding. The use of building siding with a fibrous insu-
lation sandwiched between a perforated metal inner surface and a solid exterior
surface will provide mmproved midfrequency sound absorption and thereby reduce
the reverberant buildup of noise within the turbine building. It can also reduce
the noise radiated to the outdoors.

16.11 STEAM VENTS

Atmospheric venting of large volumes of high-pressure steam is probably one
of the loudest noise sources found at industrial sites. The overall sound power
produced during steam line blow-outs at large central stations prior to starting a
new boiler can be estimated using Eq. (16.27) (see also line 29 of Table 16.1).
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This noise is broadband and only occurs for a few minutes during each blow-out
for the first few weeks of boiler operation:

Steam line blow-out, overall L,, = 177 dB {16.27)

The actual sound power level produced during the venting of high-pressure gas
18, of course, related to various factors, including the conditions of the flowing
gas and the geometry of the valve and pipe exit. Howsver, the above relationship
will provide a reasonable estimate of the noise associated with the blow-out of
steam lines at large boilers used for utility service.

Large heavy-duty mufflers are sometimes purchased or rented that reduce the
noise by about 15-30 dB during steam line blow-outs. The noise produced by
the more common atmospheric vents and commonly encountered valves can be
estimated using prediction procedures available from many valve manufacturers
and their representatives. Many manufacturers offer valves with special low-noise
trims, orifice plates, and inline mufflers that effectively reduce noise generation
and radiation. The low-noise trim can also reduce the vibration and maintenance
that are sometimes associated with valves used in high-pressure-drop service.

16.12 TRANSFORMERS

The noise radiated by electrical transformers is composed primarily of discrete
tones at even harmonics of line frequency, that is, 120, 240, 360, .. Hz when
the line frequency is 60 Hz and 100, 200, 300, ... Hz when the line frequency is
50 Hz. This tonal noise 1s produced by magnetostrictive forces that caunse the core
to vibrate at twice the electrical line frequency. The cooling fans and oil pumps
at large transformers produce broadband noise when they operate; however, this
noise is vsually less noticeable and therefore less annoying to nearby neighbors.
The tonal core noise should be considered omnidirectional and continuous while
the transformer is operating. The broadband fan and purmp noise occurs only
during times when additional cooling is required.

The technical literature includes numerous relations and guidelines for the
prediction of noise produced by transformers. Reference 22 reports the results
of measurements obtained at 60 transformer banks and indicates that the space-
averaged A-weighted sound level produced by the core of the average transformer
(without built-in noise abatement) at an unobstructed distance of about 150 m s
well represented by the relationship given in Eq. (16.28). Ninety-five percent of
the A-weighted noise data reported in reference 22 lies within about 7 dB of this
relation for transformers with maximum ratings in the range of 61100 MVA:

Average A-weighted core sound level at 150 m,

L, =26+851og(MVA)  (dBA) (16.28)

where MVA 15 the maximum rating of the transformer in million volt-amperes.
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The space-averaged sound pressure levels of the transformer core tones at 120,
240, 360, and 480 Hz at 150 m can be estimated by adding the following values
to the A-weighted sound level of Eq. (16.28):

120 240 360 480
17 5 -4 -8

Another relation for transformer A-weighted sound levels versus distance, extra-
cted from reference 23, is

Space-averaged far-field sound level L, =.L, —20(og d/ sy -8 (dBA)
(16.29)
where L, = circumferential average sound pressure levels measured at National
Electrical Manufacturers Association (NEMA) close-in
measurement positions (A-weighted or tonal)
S = total surface area of four sidewalls of transformer tank
d = distance from transformer tank (in units that are compatible with
tank sidewall area), must be greater than §/2

Equation (16.29) can be used if L, and L, represent the A-weighted sound levels
or the sound pressure levels of the discrete tones produced by the transformer
tank. The octave-band sound pressure levels of the transformer core noise can
be obtained directly from the sound pressure levels of the discrete tones esti-
mated above. The octave-band sound pressure levels of the total transformer
noise with the cooling fans operating can be estimated by subtracting the values
provided in line 30 of Table 16.1 from the A-weighted sound level estimated with
Eq. (16.29). This applies to conventional cooling-fan systems with motors in the
power range of about 0.15-0.75 kW operating at about 10001700 rpm with
two- or four-bladed propeller fans. Further information about special low-noise
cooling systems should be obtained from the manufacturer. Excess attenuation
should be considered (see Chapter 5) when estimating sound levels at distances
beyond about 150 .

NEMA has published standard tables of close-in noise levels for transformers;
see reference 24. Experience mdicates that the noise near most operating trans-
formers 1is often equal to or somewhat less than the NEMA standard values, and
the noise near new high-efficiency transformers can be significantly less than the
NEMA values. However, the noise produced by converter transformers operat-
ing at AC-t0-DC converter terminals can include discrete tones at frequencies up
to about 2000 Hz and can be about 5—-10 dB greater than the NEMA standard
values. This additional high-frequency noise has been found to be unusually
noticeable and disturbing to residential neighbors when the converter transformer
is located 1 quiet rural-suburban areas.

Two basic methods are available for reducing the far-field noise produced
by transformers. First, manufacturers are able to respond to custom noise
requirements and produce transformers with reduced flux density that generate
noise levels as much as 1020 dB lower than the NEMA standard values. New
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high-efficiency transformers with low electrical losses usually produce core noise
levels that are less than the NEMA standard values. For the quieted-design
transformers, reductions of the higher frequency tones (e.g., 480 and 600 Hz) are
typically 1-3 dB more than the reductions of the lower frequency tones (e.g.,
120, 240, and 360 Hz). High-efficiency low-speed cooling fans and cooling-fan
mufflers are also available from some manufacturers when needed for special
siting applications. In some cases, the cooling fans are eliminated from the
transformer tank and replaced with oil-to-water heat exchangers.

Second, barrier walls, partial enclosures, and full enclosures can be provided to
shield or contain the transformer noise. They are usually fabricated with masonry
blocks or metal panels. The interior surfaces of the barrier or enclosure walls
should usually include sound absorption that 18 effective at the prominent trans-
former tones. Care must be used to ensure adequate strike distances and space
for cooling-air flows. If the fin-fan oil coolers are to be located butside of the
enclosure, some attention should be given to the structure-bome and oil-borne
noise from the core that can be radiated by the coolers. Space and provisions
must be provided for inspections, maintenance, and transformer removal. It 18
also important to ensure that the enclosure walls are structurally isolated from
the transformer foundation to avoid radiation of structure-borne noise resulting
transformer-induced vibration. Further information about the control of trans-
former noise is available from most major transformer manufacturers as well as
from reference 25. And a promising passive means of canceling tonal noise radi-
ated from transformer sidewalls by means of an attached mechanical oscillator
1s discussed in reference 26.

As energy efficiency becomes increasingly important, new transformers are
being purchased with low electrical losses reducing operating costs. Experience

at numerons large electrical facilities indicates that new high-efficiency low-loss

transformers also often produce core noise levels 5~10 dB less than the NEMA
standard values.

Instead of, or in addition to, reducing the noise radiated from a transformer
substation, 1t 1s sometimes possible to site a transformer far from residential
neighbors or within an existing noisy area, such as close to a well-traveled high-
way, where the ambient sounds partially mask the transformer noise.

16.13 WIND TURBINES

The installation of modemn wind energy systems is growing rapidly throughout
many areas of the world. Installed capacity by 2001 exceeded 30,000 MWe as
the reliability and efficiency of modern wind turbines increased and the - costs
declined. It has been estimated that wind turbines will generate more.than 10%
of the world’s energy, more than 1200 GW, by year 2020. Wind turbine capacity
is generally rated based on rotor diameter, rotor swept area, or generator capacity
in watts. Small-capacity wind turbines are generally rated at less than about 5 kW,
medium turbines at about 5--300 kW, and large wind turbines at about 500 kW
and above. Large turbines are now available rated at up to 1-5 MW, and with
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multiple turbines on a single tower, ratings can continue to increase. Wind turbine
parks or farms are being developed onshore and offshore with rated capacities
of 50-150 MWe and greater. The development of wind turbine rotors to operate
with low wind speeds will increase the available resource area and will bring
development closer to more people.

The main types of noise from wind turbines are aerodynamic, mechanical,
and electrical. The principal sources of noise include the rotor blades, the gear-
box, and the generator. Additional sources include the brakes, the electronics,
and the tower. Earlier wind turbine mstallations produced both prominent tonal
noise from the gear box and a strongly modulated “thumping” noise most often
assoclated with the rotor blades passing through and interacting with the turbu-
lent tower wake flow at downwind machines. Fortunately, the manufacturers of
modern wind turbmes have learned to avoid what were these most noticeable
and annoying aspects of wind turbine noise. ;

Considerable progress in reducing noise generation and radiation continues to
be made by the equipment manufacturers with ongoing technical support from
research organizations (reference 27). Noise abatement for modern wind turbines
includes increasingly efficient rotor blade profiles, variable-speed and variable-
pitch rotors, advanced electronics, and low-noise gearboxes, as well as vibration
isolation mounts and sound absorption within turbine nacelles. Noise from mod-
ern wind turbines is generally dominated by broadband rotor noise that is directly
related to tip speed. Information about aeroacoustical noise generation is provided
i Chapter 15. T

Modem wind turbines are generally available that produce broadband noise
without strong tonal components. The midfrequency aerodynamic rotor noise gen-
erally includes some noticeable time-varying amplitude modulation at the passing
frequency of the rotor blade (number of blades times the rotation rate in revolu-
tions per second). For a three-blade constant-speed turbine operating at 25 rpm,
this is 1.25 Hz. For variable-rotor-speed turbines, the modulation frequency will
often be in the range of 0.5-1 Hz.

The approximate A-~weighted sound power level of modern medium to large
wind turbines can be estimated with the relationships provided in Eq. (16.30) or

(16.31), although the sound power level of some turbines will be as much as
10 dBA greater:

86+10logD (dBA)  (16.30)

Wind turbine, A-weighted sound power level = {
73+ 10 log kW (dBA) (16.31)
where D is the rotor diameter in meters and kW is the rated turbine power.
Alternatively, the approximate footprint area surrounding a modern wind tur-
bine within which the A-weighted sound level equals or exceeds 40 dBA can be
estimated with the relationship provided i Eq. (16.32):

Wind turbine 40 dBA footprint area in square meters = 800 x kW (m?)
(16.32)
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The operating characteristics, including noise generation under specific
conditions, of most modern wind torbines have been certified in accordance
with national and international standards. The special requirements associated
with reliable measurements and specification of wind turbine noise are defined
by International Standard IEC 61400-11, 1998, “Wind Turbine Generator
Systems—Part 11: Acoustic Noise Measurement Techniques.”

16.14 SUMMARY

The machinery noise prediction procedures and relations presented in this chapter
are based primarily on extensive field measurement data collected by the authors
and their colleagues durmng many years of consulting projects. The results
obtained when using these relations should be useful for many engineering
applications. The reader is cautioned, however, that site-specific installation
conditions and individual equipment characteristics can cause noise levels to
be somewhat higher or lower than predicted, and detailed knowledge of these
exceptions can be important for critical applications. Also, many items of
equipment can be purchased with reduced noise, can be imstalled so as to reduce
noise, or can be fiited with effective noise control treatments.

The authors continue to add to and update their library of equipment noise
emussion data used in the preparation of this chapter. Readers with access to new
or useful data or information on equipment noise characteristics or control and
wanting to share their information are encouraged to send copies to the authors.
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This chapter provides guidelines, recommendations, and design tools useful in
assessing and controlling noise and vibration stemming from mechanical systems
serving buildings. Discussed. are the transmission of noise along duct systems,
airflow velocities at various points in duct systems that are consistent with par-
ticular noise goals, fan noise, terminal box noise, and special design features for
especially quiet heating, ventilating, and air conditioning (HVAC) systems. Sound
isolation for mechanical rooms and special consideration for the application of
vibration isolation for mechanical equipment in buildings are also addressed.
Further discussion and additional detailed design information can be found in
references 1-5, and in Chapters 9-15 of this book.

17.1 DUCT-BORNE NOISE TRANSMISSION

1t is of significant practical interest to predict the noise that transmits via a ducted
system from a source to a receiver space to achieve a desired noise goal. This
is typically done by starting with the noise of a known source (typically and
primarily a fan) and subtracting from this the attenuation provided by each of
the various duct elements that the noise encounters as it propagates along the
duct path. Thus, from a known noise source level, one can predict the noise level
that reaches the occupant of a space and can engineer any special attenuation
treatments that may need to be incorporated in the duct system to help achieve a
desired result. Alternatively, one can work backward from a desired noise goal
in the receiving space to determine the permissible sound power level of a fan
serving the system (or other source in the system). There are many acoustical
complexities that are difficult to model precisely without exhaustive knowledge

685



686 NOISE CONTROL IN HEATING, VENTILATING, AND AIR CONDITIONING SYSTEMS

of the duct construction and the nature of the sound field entering a duct ele-
ment, and such details are generally not well known. The prediction procedure
is really a guide to make decisions in order to achieve designs that are in the
correct neighborhood of the goal, and generally the procedure is a good guide in
the moderately lower frequency range that is of greatest interest for ventilation
systems. There are many aspects of ducted systems which are strongly frequency
dependent in the higher frequency range, and the precision of the calculations
may be questionable for extensive systems in this frequency range. Fortunately,
in designing noise control for ducted systems, when the lower frequencies are
suitably controlled, the predicted noise levels at higher frequencies are dramat-
ically lower than the goal and there is no need to make precise predictions in
this higher frequency range. The following presents some of the data necessary
to assess attenuation in the path of sound propagation from source to receiver.
Considerations for some relevant noise sources are presented later.

Sound Attenuation in Straight Ducts

Even the attenuation of sound propagating in simple, straight ducts is quite com-
plex. The sound attenuation in straight ducts of uniform cross section and wall
construction is usually given in attenuation per unit length, decibels per meter
or decibels per feet, assuming that every unit of duct length provides the same
amount of attenuation. This is a considerable simplification because the attenua-
tion is a function of the character of the.soynd field entering the duct section and
the character of the sound field is constantly changing along the length of even
a straight-duct run. At frequencies high enough for the duct to support higher
order modes, these higher order modes are much more rapidly attenuated by
duct attenuation treatments than the plane-wave fundamental mode. Attenuation
of sound along a duct is a function of the sound dissipation when the sound wave
interacts with the walls of the duct and this 1s determined by the impedance of
the duct wall. Sound attenuation in lined ducts and silencers is treated in detail in
Chapter 9. At high frequencies, energy loss due to sound transmission through the
bare sheet metal duct walls yields only very little sound attenuation for the duct
path. However, with sound-absorptive lining of the walls, high-frequency sound
attenuation along the ducts can be quite high. At low frequencies, a substantial
portion of the sound attenuation along the duct path is provided by energy trans-
mission through the sheet metal walls of the duct—breakout. Form, stiffness,
and surface weight control the low-frequency sound attenuation. Consequently,
unlined form-stiff round ducts yield much less sound attenuation (and also much
higher breakout sound transmission loss) than do ducts with rectangular or oval
cross section and with large aspect ratio. The sound attenuation values repre-
sented herein are for typical duct construction within the range of constructions
typically allowed by the Sheet Metal and Air Conditioning National Association
(SMACNA) for low-pressure ductwork.

Estimation of the attenuation provided by unlined and lined ducts of round
and rectangular duct constructions typically found in the field is presented in
Tables 17.1-17.6.
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TABLE 17.1 Sound Attenuation in Unlined
Rectangular Sheet Metal Ducts

Attenuation by Qctave—Band
Duct Size, P/A, Center Frequency, dB/ft

in.xin. ft7! 63 Hz 125 Hz 250 Hz >250Hz

6x6 80 030 0.20 0.10 0.10
12x12 40 035 0.20 0.10 0.06
12x24 3.0 040 0.20 0.10 0.05
24x24 20 025 0.20 0.10 0.03
48 x 48 10 015 °0.10 0.07 0.02
72x72 07 0.10 0.10 0.05 0.02

Source: 1999 ASHRAE Applications Handbook, © American
Society of Heating, Refrigerating and Air Conditioning Engi-
neers, Inc., www.ashrae.org.

Sound Attenuation by Duct Divisions

When sound propagating along a duct encounters a duct branch, the acoustical
energy divides into the two branches according to the fraction of the area that
each represents to the total area leaving the division. This is probably a reasonable
approximation of what happens at lower frequencies, but at higher frequencies
there are likely to be directional effects for which this simple model does not
account. Fortunately, for most practical HVAC noise control concerns, the low-
frequency range is of the greatest irterest. The attenuation in decibels that occurs
at a duct division is given by

A
Attenuation = 10 log (f) dB 17.1)
T

where A; is the area of the duct leaving the division on the path being studied
and Ar is the total area of all branches leaving the division.

Sound Attenuation by Duct Cross-Sectional Area Changes

Sound propagating along a duct is reflected back if it encounters a sudden cross-
sectional area change. The strength of reflection at low frequencies, where only
the fundamental plane wave can propagate in the duct, depends only on the ratio
of the cross-sectional areas. Whether the sound is coming from the duct of the
larger or smaller cross-sectional area, the resulting sound attenuation is given by

AN A\ 2
Attenuation = 10 log  0.25 [ { — + | - . dB (17.2)
Ay Ay
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TABLE 17.2 Inmsertion loss for Rectangular Sheet Metal Ducts with 1-in.
Fiberglass Lining®

Insertion Loss by Octave Band Center Frequency, dBAt

Dimensions, 1n. x in. 125 Hz 250 Hz 500 Hz 1000 Hz 2000 Hz 4000 Hz

6x6 0.6 1.5 27 5.8 7.4 43
6% 10 0.5 12 2.4 5.1 6.1 3.7
6x12 0.5 12 2.3 3.0 5.8 36
6x 18 0.5 1.0 22 47 52 33
8x8 0.3 1.2 23 5.0 5.8 3.6
812 0.4 1.0 2.1 45 4.9 32
8 x 16 04 0.9 2.0 43 45 3.0
8 x 24 04 0.8 1.9 4.0 4.1 2.8
10 x 10 04 1.0 2:1 4.4 47 3.1
10 x 16 04 0.8 1.9 4.0 4.0 27
10 % 20 0.3 0.8 1.8 3.8 3.7 2.6
10 % 30 0.3 0.7 1.7 3.6 3.3 2.4
12 x 12 04 0.8 1.9 4.0 4.1 2.8
12 %18 0.3 0.7 1.7 37 35 2.5
12 x 24 0.3 0.6 1.7 3.5 3.2 23
12 x 36 0.3 0.6 1.6 33 2.9 22
15 x 15 0.3 07 1.7 3.6 3.3 24
15 x 22 0.3 0.6 1.6 33 2.9 2.2
15 x 30 03 0.5 15 3.1 2.6 2.0
15 x 45 0.2 0.5 14 29 2.4 1.9
18 x 18 03 06 wn, L6 33 2.9 2.2
18 % 28 0.2 0.5 1.4 3.0 24 1.9
18 x 36 0.2 0.5 14 2.8 22 1.8
18 x 54 0.2 0.4 1.3 27 2.0 1.7
24 x 24 0.2 0.5 1.4 2.8 2.2 1.8
24 % 36 0.2 04 1.2 2.6 1.9 1.6
24 x 48 0.2 04 12 24 1.7 1.5
24 %72 0.2 0.3 1.1 2.3 1.6 1.4
30 x 30 0.2 04 1.2 2.5 1.8 1.6
30 x 45 0.2 0.3 1.1 2.3 16 1.4
30 x 60 0.2 0.3 1.1 2.2 1.4 1.3
30 x 90 0.1 0.3 1.0 2.1 13 1.2
36 x 36 0.2 0.3 1.1 2.3 1.6 1.4
36 x 54 0.1 0.3 1.0 2.1 1.3 1.2
36 x 72 0.1 0.3 1.0 2.0 1. 1.2
36 x 108 0.1 02 0.9 1.9 1.1 11
42 % 42 02. 03 1.0 2.1 1.4 1.3
42 x 64 0.1 0.3 0.9 1.9 1.2 1.1
42 x 84 0.1 02 0.9 1.8 1.1 1.1
42 x 126 0.1 02 0.9 1.7 1.0 1.0
48 x 48 0.1 0.3 1.0 2.0 12 1.2
48 x 72 0.1 0.2 0.9 1.8 1.0 1.0
48 x 96 0.1 02 0.8 1.7 1.0 1.0
48 x 144 0.1 0.2 0.8 1.6 0:9 09

“Add to attenvation of bare sheet metal ducts.

Sowrce: 1999 ASHRAE Applications Handbook, © American Scciety of Heating, Refrigerating and Air Condi-
woning Engineers, Inc., www.ashrae.org,
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TABLE 17.3 Insertion loss for Rectangular Sheet Metal Ducts with 2-in.
Fiberglass Lining® :

Insertion Loss by Octave-Band Center Frequency, dB/ft

Dimensions, m. X m. 125 Hz 250 Hz 500 Hz 1000 Hz 2000 Bz 4000 Hz

6x6 0.8 29 49 7.2 74 43
6 x 10 0.7 2.4 44 6.4 6.1 3.7
6x12 0.6 23 42 6.2 5.8 3.6
6x 18 0.6 2.1 4.0 58" 52 3.3
8x8 0.6 23 42 6.2 5.8 3.6
§x12 0.6 1.9 39 5.6 459 32
8% 16 05 1.8 3.7 5.4 45 3.0
8 x24 0.5 1.6 3.3 5.0 4.1 28

10 % 10 0.6 1.9 38 5.5 47 3.1

10 % 16 0.5 1.6 34 5.0 40 2.7

10 % 20 04 1.5 3.3 43 3.7 26

10 x 30 04 13 3.1 45 33 2.4

12%12 0.3 1.6 3.5 5.0 4.1 2.8

12 x 18 0.4 14 32 7 46 3.5 2.5

12 x 24 0.4 1.3 3.0 43 3.2 2.3

12 x 36 0.4 12 2.9 4.1 2.9 2.2

15x15 0.4 13 3.1 45 3.3 2.4

15 x 22 04 12 2.9 .41 2.9 2.2

15 % 30 0.3 1.1 2.7 3.9 2.6 2.0

15 x 45 0.3 1.0 2.6 3.6 24 19

18 % 18 04 12 29 4.1 2.9 2.2

18 x 28 03 1.0 2.6 3.7 2.4 19

18 x 36 03 0.9 25 3.5 2.2 18

18 x 54 03 0.8 2.3 3.3 2.0 17

24 x 24 03 0.9 25 35 2.2 18

24 % 36 03 0.8 23 3.2 1.9 1.6

24 x 48 02 0.7 2.2 3.0 17 15

24 %72 02 0.7 2.0 2.9 1.6 1.4

30 x 30 0.2 0.8 2.2 3.1 1.8 1.6

30 % 45 02 0.7 2.0 2.9 1.6 14

30 x 60 02 0.6 1.9 27 . 14 13

30 x 90 02 0.5 1.8 2.6 1.3 12

36 x 36 0.2 0.7 2.0 2.9 1.6 1.4

36 % 54 0.2 0.6 19 2.6 13 12

6 x72 0.2 0.5 1.8 2.5 12 12

36 x 108 0.2 0.5 17 2.3 1.1 1.1

42 x 42 0.2 0.6 1.9 2.6 1.4 13

42 x 64 02 05 17 2.4 1.2 11

42 x 84 02 0.5 1.6 2.3 1.1 1.1

42 % 126 .1 0.4 1.6 2.2 1.0 1.0

48 x 48 02 0.5 1.8 2.5 12 12

48 % 72 0.2 0.4 1 23 1.0 1.0

48 x 96 01 0.4 1.5 2.1 1.0 1.0

48 % 144 0.1 0.4 15 2.0 0.9 0.9

“Add to anenvation of bare sheet metal ducts.

Source: 1999 ASHRAE Applicanions Handbook, © Amencan Society of Heating, Refrigerating and Air Condi-
tioning Engincers, Inc., www.ashrae.org.
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TABLE 17.4 Sound Attenuation in Straight Unlined Round Ducts

Attenuvation by Octave-Band Center Frequency, dB/ft

Diameter, in. 63 Hz 125 Hz 250Hz 500 Hz 1000Hz 2000 Hz 4000 Hz
D=7 0.03 0.03 0.05 0.05 0.10 0.10 0.10
T7«<D=<15 0.03 0.03 0.05 0.07 0.07 0.07
15<D<30 002 0.02 0.03 0.05 0.05 0.05
30<D=<60 001 0.01 0.02 0.02 0.02 0.02

Source: 1999 ASHRAE Applications Handbook, © Amencan Society of Heating, Refrigerating and
Air Conditioning Engmeers, Inc., www.ashrae.org.

TABLE 17.5
1-in. Lining®

Insertion Loss for Acoustically Lined Round Ducts with -
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TABLE 17.6 Insertion Loss for Acoustically Lined Round Ducts with
2-in. Lining® .

Insertion Loss by Octave-Band Center Frequency, dB/ft

Diameter, in. 63 Hz 125 Hz 250 Hz 500 Hz 1000 Hz 2000 Hz" 4000 Hz 8000 Hz

Insertion Loss by Octave-Band Center Frequency, dB/ft

Diameter, in. 63 Hz 125 Hz 250 Hz 500 Hz 1000 Hz 2000 Hz 4000 Hz 8000 Hz

6

4
10
12
14
16
18
20
22
24
26
28
30
32
34
36
38
40
42
44
46
48
50
52
54
56
58
60

0.38
0.32
0.27
0.23
0.19
0.16
0.13
0.11
0.08
0.07
0.05
0.03
0.02
0.01

OO0 OOOOo OO0

0.59
0.54
0.50
0.46
042
0.38
0.35
0.31
0.28
0.25
0.22
0.19
0.16
0.14
0.11
0.08
0.06
0.03
0.01
0

OO OQ oo

0.93
0.89
0.85
0.81
0.77
0.73
0.69
0.65
0.61
0.57
0.53
0.4¢
045
0.42
038
0.35
031
0.28
0.25
0.23
0.20
0.18
0.15
0.14
0.12
0.10
0.08
0.08

153
1.50
1.48
145

0.91
0.84
0.78
0.71
0.63
0.55
0.46
0.37
0.28
0.17
0.06

2.17
2.19
220
213
2.34
2.08
2.01
1.92
1.82
1.71
1.59
1.46
1.33
1.20
1.07
0.93
0.80
0.68
0.56
045
0.35
0.26
0.19
0.13
0.09
0.08
0.08
0.10

2.31
217
2.04
191
179
1.67
1.56
1.45
1.34
1.24
1.14
104
0.95
0.87
0.79
071
0.64
0.57
0.50
0.44
0.39
0.34
0.29
023
0.22
0.18
0.16
0.14

2.04
1.83
1.64
148
1.34
121
1.10
1.00
0.92
0.85
0.79
0.74
0.69
0.66
0.63
0.60
058
0.55
0.53
051
0.48
0.45
0.41
037
031
025
0.18
0.09

1.26
1.18
1.12
1.05
1.00
0.95
0.90
0.87
0.83
0.80
0.77
0.74
0.71
0.69
0.66
0.64
0.61
0.58
0.55
0.52
0.48
0.44
0.40
0.34
0.29
0.22
0.15
.07

0356 080 1.37 225 217 231 2.04 1.26

) 0351 0.75 1.33 223 - 219 2.17 1.83 1.18
10 046 071 1.29 220 2.20 2.04, 1.64 112
12 042 067 1.25 2.18 2.18 1.91 1.48 1.035
14 0.38  0.63 1.21 2.13 2.14 1.79 1.34 1.00
16 035 0359 117 212 2.08 1.67 1.21 0.95
18 032 056 1.13 2.10 2.01 L56 1.10 0.90
20 026 052 1.09 207 192 145 1.00 0.87
22 027 049 1.08 2.03 1.82 1.34 0.92 0.83
24 025 046 1.01 2.00 1.71 1.24 0.85 0.80
26 024 043 0.97 1.96 1.59 1.14 0.79 0.77
28 022 040 0.93 1.93 1.46 1.04 0.74 0.74
30 021 037 0.90 1.88 1.33 0.95 0.69 0.71
32 020 034 0.86 1.84 1.20 0.87 0.66 0.69
34 0.19 032 0.82 1.79 1.07 0.79 0.63 0.66
36 018 029 0.79 1.74 0.93 071 0.60 0.64
38 0.17 027 0.76 1.69 0.80 0.64 0.58 0.61
40 0.16 024 0.73 1.63 0.68 0.57 0.55 0.58
42 0.15 022 0.70 1.57 056 0.50 0.53 0.55
44 0.13 020 0.67 1.50 0.45 0.44 0.51 0.52
46 012 017 0.64 1.43 0.35 0.39 0.48 0.48
48 0.11  0.15 0.62 1.36 0.26 0.34 045 0.44
50 0.09 012 0.60 1.28 0.19 0.29 0.41 0.40
52 007  0.10 0.58 1.19 0.13 0.25 0.37 0.34
54 0.05  0.08 0.56 1.10 0.09 0.22 0.31 0.29
56 002 005 0.55 1.00 0.08 0.18 0.25 0.22
58 0 0.03. 0.353 0.90 0.08 0.16 0.18 0.15
60 0 0 0.53 0.79 0.10 014 0.09 0.07

2 Add to attenuation of bare sheet metal ducts.

Source: 1999 ASHRAE Applications Handbook, ® American Society of Heating, Refrigerating and
Air Conditioning Engineers, Inc., www.ashrae.org.

“Add t attenuation of bare sheet metal ducts.
Source: 1999 ASHRAE Applications Handbook, © American Society of Heating, Refrigerating and
Air Conditioning Engmeers, Inc., www.ashrae.org.

Equation (17.2) yields an attenuation of only 0.5 dB for a cross-sectional area
change of A1/Ay = 2 or Ay/A; = 0.5 and that of 2 dB fora 1 :4 or 4: 1 change.
Since large abrupt changes in duct cross-sectional area do not occur very often
for aerodynamic reasons, the attenuation attributable to duct cross-sectional area
changes usually encountered in HVAC duct design is very small.

Sound Attenuation by Elbows

When sound propagating along a duct encounters an elbow, some of the sound is
reflected back in the direction from which it was coming, some is dissipated, and
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some continues to propagate along the duct path. The fraction of sound energy
that is reflected or dissipated determines the attenuation. The attenuation is a
function of frequency and size of the elbow. The attenuation is also impacted by
the type of elbow (mitered, mitered with vanes, and radiused) and the presence
(or absence) of sound-absorbing lining in the duct {or on the tuming vanes).
Mitered elbows with vanes and radiused elbows tend to transmit more higher
frequency energy around the bend than mitered elbows without vanes and so they
provide less attenuation for the duct path. However, they yield lower pressure
drop and therefore are commonly used. Tables 17.7-17.9 present the estimated
sound attenuation for various elbow types.

TABLE 17.7 Insertion Loss of Unlined and Lined
Rectangular Elbows without Tarning Vanes

Insertion Loss, dB

Unlined Elbows Lined Elbows

fw <19 0 0
1.9< fw <38 1 i
38 < fw=<75 5 6
75 fw=<15 8 11
15< fw<30 4 10

Ffw > 30 ,,M3$ 10

Note: fw = f % w, where f ==center frequency, kHz, and
w = width, in.

Source: 1999 ASHRAE Applications Handbook, © American
Society of Heating, Refrigerating and Air Conditioning Engi-
peers, Inc., www.ashrae.org.

TABLE 17.8 TInsertion Loss of Unlined and Lined
Rectangular Flbows with Turning Vanes

Insertion Loss, dB

Unlined Elbows Lined Elbows

fw <19 0 0
1.9 < fw <38 1 1
38< fw<75 4 4
75< fw< 15 6 7

fw>15 4 7

Note: fw = f x w, where f = center frequency, kHz, and
w = width, in.

Source: 1999 ASHRAR Applications Handbook, © American
Society of Heating, Refrigerating and Air Conditioning Engi-
neers, lnc., www.ashrae.org.
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TABLE 17.9 Insertion Loss of Unlined Round

Elbows
Insertion Loss, dB
fw <19 0
19 < fw <38 1
38< fw<75 2
fw>175 3

Note: fw = f xw, where f = center frequency, kHz, and
w = width, in.

Source: 1999 ASHRAE Applications Handbook, © American
Society of Heating, Refrigerating and A Condittoning Engs-
neers, Inc., www.ashrae.org. v

Prefabricated Sound Attenuators

Prefabricated sound-attenuating devices (duct silencers) are available from a vari-
ety of manufacturers in a variety of styles, configurations, and constructions to
fit virtuaily every HVAC system application and to meet every sound attenuation
requirement. The sound-absorptive media may be conventional dissipative mate-
rals such as glass fiber, mineral wool, or nylon wool covered by a perforated
metal facing sheet to provide physical protection for the fibrous sound-absorbing
material from erosion by the turbulent flow. For low-velocity flows the sound-
dissipating material may be protected only by a thin surface layer of flow-resistive
facing such as applied on the surface of duct liners. For special applications, to
prevent any fibrous material from getting into the air stream, the fill material can
be sealed in thin plastic bagging. This typically will slightly increase the acous-
tical attenuation at specific low and midfrequencies and dimimsh it sobstantially
at high frequencies compared to unfaced fill. Special construction details are typ-
ically required to prevent the film from sealing the holes in the perforated metal
protective facing and to avoid chafing of the film on sharp edges formed on the
back of the perforated metal in the punching process. Detailed information on
the design and prediction of dissipative silencers is given in Chapter 9. There
are also silencers without traditional dissipative fill but with special acoustically
reactive. surfaces lining the air channels which remove acoustical energy from
the air stream. '

Basic silencers have a straight-through air path with aerodynamic inlet and
discharge geometry to help minimize pressure losses which are greatest at the
flow transition points. Silencers are also available with special flow configura-
tions for special applications. For HVAC system applications, elbow configuration
silencers are particularly notable since these can help to avoid difficult flow con-
ditions that could otherwise exist or even be caused by aerodynamically poor
application of a straight silencer.

Manufactorers’ information should be used for the prediction of the sound
attenuation, pressure drop, and flow-generated noise. For a given application




694 NOISE CONTROL N HEATING, VENTILATING, AND AIR CONDITIONING SYSTEMS

there are typically several silencers that might be able to provide the desired
acoustical performance. The noise control and HVAC design engineers must
select one that also yields a suitably low pressure drop and trade-offs will need
to be considered between the length and the resistance class of the silencer. For
most typical HVAC system applications the pressure drop across the silencer
should be limited to about 0.30 in. water gauge (wg). The pressure loss can
be higher, but the designer needs to be sure the extra pressure loss will not
have undesirable impacts on the system. The energy consumed to overcome the
pressure drop of the silencer should be considered in deciding what pressure loss
is acceptable. Over the lifetime of the system, significant energy cost savings
will result from having a silencer that has a particularly low pressure drop. The
savings may be much more than the extra initial cost of the lower pressure drop
model. Silencers should not be placed in the duct just upstream of a fan to avoid
having the turbulent flow from the tail end of the baffles interact with the fan
blade, which will increase the fan’s broadband and blade passage tone noise.
Ideally, the airflow entering and leaving the silencer should be straight and
smooth to approach the conditions under which the sound attenuation, pressure
drop, and flow noise of the silencer are tested in accordance with ASTM E-477
or ISO 7235. In the field, such ideal conditions seldom occur, and there is some
degree of excess pressure drop beyend the catalogued value for the application
due fo system effects. The system designer needs to consider these' when making
pressure drop predictions. To the extent that the silencers are placed m positions
where the inflow is distorted and turbtil%nt, there will be extra pressure drop.
Figure 17.1 presents some common flow configurations and the associated extra
pressure drop multiplier to be applied to the catalogued silencer pressure loss.
Because of the high velocity flows through the narrow silencer channels and
the imperfect conversion of velocity pressure to static pressure at the discharge,
turbulence is generated in the flow through silencers and this creates flow noise.
The manufacturers typically tabulate the flow-generated noise of their silencers
at various face velocities. The total flow-generated sound power 1s a function of
the face velocity and the area of the silencers, and the noise generated by the
silencer will typically be published for various face velocities and for a specific
cross-sectional area. This data must be adjusted for the cross-sectional size of
the silencer actually used when one predicts the flow-generated noise by adding
10 log A;/Aq to the published data (where A; 1s the actual silencer area and
Ag is the area that is the basis for the presented data, in consistent unis). The
noise generated by the silencer becomes another source of noise that propagates
along the duct and needs to be addressed. The closer the silencer is placed to
the receiving space and the quieter the receiving space, the more care needs to
be taken in controlling flow-generated noise because there is less opportunity
to attenuate it before it reaches the receiving space. For duct systems serving
spaces where the noise goal 1s moderate (perhaps NC-35 to NC-40; NC = noise
criterion) silencers located near the occupied space (such as on the room-side of a
terminal box) typically need to be sized for less about 0.10 in. wg pressure drop.
Where the noise goal is more stringent, the pressure loss through the silencer
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DUCT ELEMENT : SILENCER SYSTEM EFFECT FACTOR
: DUCT ELEMENT ON,..
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ot [ian]
7*} degrees per side o SR g
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D=2 12 1.1
P2=3 26 i
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( o GreEn Siren \
Distance of radius elaw from silencer .
) 12 i
Dy 13 12
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== = T
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D=1 1.2 1.1
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Oistanca of mitsted elbow from siencer
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ABRUPT ENTHY OR £IT

Smooth inlet or discharge
Distance of antry or exit from silenger
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e

ABRUPT ENTRY OR £xim

Sharp infet or dischargs
Distance of entty or axit from adencer
D=

CENTRIFUGAL FAN

Distance of centifugal fan from silencer
[

e
D=

=

AXIAL FAN omq

e C;’;

Bistance of axial fan from sifencer

2 Is the dameter of round duct or equivalent diamelar of veclangular duct,

FIGURE 17.1 Factor by which catalogue silencer pressure loss is multiplied for various
applications. (Reproduced with permussion from Vibro-Acoustics.)
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needs to be commensurately lower. When silencers are located near the fans,
at the beginning of systems, the noise of the fan on the building side of the
silencer will often still be substantially higher than the flow-generated noise of

the silencer (if selected for reasonable pressure loss), so that flow noise is not of

concern. The lower the noise goal, the more carefully this needs to be checked.
Poorly selected and positioned silencers, which produce excessive pressure
drop, can cause more noise problems than they solve.

Sound Attenuation by Plenums

Plenums in duct systems can often provide significant sound atfenuation for the
ducted path. The extent of the attenuation depends upon the size of the plenum
compared to the connecting ducts, the orientation of the inlets and outlets, and the
absorptivity of the inner walls. Equations (17.3)—(17.5) as applied to Fig. 17.2
provide a method for estimating the attenuation provided by plenums:

O cos 8 n 1—,aA)]

47y SC{A

TL = —10 logy, [Sout( (17.3)
where (refer to Fig. 17.2)
where TL = transmission loss, dB
Soue = area of outlet section of plenum, ft?
§ = total inside surface area df plenum minus inlet and outlet area, ft
r = distance between centers of inlet and outlet sections of plenum, ft
Q == directivity factor, which may be taken as 4
w4 = average absorption coefficient of the plenum lining
& = angle of vector representing r to long axis [ of plenum

f

The average absorption coefficient o4 of the plenum lining is

S + S
= 7.4
Inlet % I i
I~ =~
{ w
i ‘ - —>n*—-7
rV
\Q | \£ | ‘ h
. e - l
™~

FIGURE 17.2 Schematic of plenum chamber. Source: 1999 ASHRAE Applications
Handbook, © American Society of Heating, Refrigerating and Air Conditioning Engi-
neers, Inc., www.ashrae.org.
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where o = sound absorption coefficient of any bare or unlined inside surfaces
of plenum
S; = surface area of bare or unlined inside surface of plenum, ft?
oy = sound absorption coefficient of any acoustically lined inside
surfaces of plenum
Sy == surface area of acoustically lined inside surface of plenum, ft*

The value of cos 6 is obtained from

i

l
€08 6 = - = ——————a—r 17.5
ro (P Hri4rhes (173
where [ = length of plenum, ft
ry = vertical offset between axes of plenum inlet and cutlet, ft
ry == horizontal offset between axes of plenum inlet and outlet, ft

The precision of plenum insertion loss predictions is generally not considered to
be very good, and research is being conducted currently to improve the accuracy
of the predicted attenuation of these duct elements. The resulis of the above
equations are only valid where the wavelength of sound is small compared to the
characteristic dimensions of the plenum. Equation (17.3) is not valid below the
cutoff frequency of the entering and exiting ducts, given as

Jeo = %0“ for rectangular ducts
a

and
0.586¢y

p for circular ducts

fz:o =
where f, = cutoff frequency, Hz
¢y = speed of sound in air, m/s
a = larger cross-sectional dimension of duct, m
d = diameter of duct, m

End-Reflection Loss

When sound propagating along ducts reaches an abrupt change in cross-sectional
area (such as the termination of a duct system at a diffuser or grille) and there is
no disturbance of the sound field as it makes the transition, some low-frequency
sound reflects back from the point of the abrupt change and does not propagate on
toward the receivers of concern. The end-reflection loss is a function of the size of
the termination compared with the acoustical wavelength and the specific location
of the duct termination within the room. Typical values of end reflections are given
in Table 17.10. Note that these are for idealized conditions. If there 1s a grille or
diffuser at the termination of the duct system or if the grille or diffuser 18 not in
the middle of a Jarge plane {like the ceiling) but is in a two- or three-dimensional
corner of the room, the end reflection will be lower. For each factor that deviates
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TABLE 17.10 Duct End-Reflection Loss

Duct End Reflection Loss by Octave-Band Center Frequency, dB

Diameter, in. 63Hz 125Hz 250 Hz S00Hz 1000 Hz 2000 Hz

Duct Terminated in Free Space

6 20 14 9 5 2 1
8 18 12 7 3 1 0
10 16 11 6 2 1 0
12 14 9 5 2 1 0
16 12 7 3 1 0 0
20 10 6 2 1 0 0
24 9 5 2 1 0 0
28 8 4 1 0 0 0
32 7 3 1 0 0 0
36 6 3 1 -0 Y 0
48 5 2 1 0 0 0
72 3 1 0 0 0 0
Duct Terminated Flush with Surface
6 18 13 8 4 1
8 16 11 6 2 1
10 14 9 3 2 1
12 13 8 4 1 0
16 10 6 2, 1 0
20 9 5 2 1 0
24 8 4 1 0 0
28 7 3 1 0 0
32 6 2 1 0 0
36 5 2 1 0 0
48 4 1 0 0 0
72 2 i 0 0 0

Source: 1999 ASHRAE Applications Hendbook. © American Society of Heating, Refrigerating and
Air Conditioning Engineers, Inc., www.ashrae.org.

from the ideal case, one might consider the effective duct emitting area to be 4
times the actual duct size when entering the chart.

Note that end-reflection losses are not limited to the duct terminations but can
be a useful technique withm a ducted system to get low-frequency attenuation,
for mstance where a duct abruptly enters a large highly sound absorptive plenum
volume.

Room Effect

Room effect is the translation of the sound power emitted into the room from
the duct system to the sound pressure level that results in the space at a given
location. The process of predicting the sound pressure level from the sound power
level is treated in detail in Chapter 7.
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The classical method to relate the sound pressure that results in a room to
the sound power emitted from a source is modeled by a peint sound source for
small-size sources, such as round or rectangular diffusers, and by a line sound
source m the case of strip diffusers or duct breakout. Note that the amplitude of
the reverberant sound field, which dominates at large distances from the source,
is independent of the nature of the source. However, the amplitude of the direct
sound, which dominates in the vicinity of the sound source, strongly depends on
how the sound energy spreads from the source.

For a point sound source radiating into the room the sound pressure level at a

distance r (resulting from the power-based addition of the direct and reverberant
fields) is given m the equation

4
L,(r) = Ly + 10 logy, (QQ;E + 73") (17.6)

where L,, = source sound power level, dB re 1071°W
L, = sound pressure level, dB re 2 x 1075N/m?
R = room constant, = Sa4 /(1 — ay), m?
S = total room absorption, m?
o4 == average absorption coefficient of room surfaces
r = source—receiver distance, m
¢ = mverse of fraction of sphere to which sound energy radiates

For a case where there is only one source of concern for design, using this
equation is simple and sufficient. However, where there are multiple noise sources
such as various diffusers or grills with close to the same noise emission level
and producing close to the same noise level at the receiver position, some way to
adjust the room effect for the multiple diffusers is needed. This might be done by
adjusting the room effect by 10 log N decibels, where N is the effective number
of outlets contributing to the sound at the crifical recetver location. Other, more
sophisticated, methods based of sound propagation modeling in rooms presented
in Chapter 7 may be used when dealing with special situations.

17.2 FLOW NOISE IN DUCTED SYSTEMS

The noise generated by flow in duct systems is a concern for noise transmission
inside the duct along the duct path and that radiated from the outside surface of
the duct. Noise generated at particular fittings or duct elements can be estimated
in accordance with the methods presented in Chapter 15. Flow-generated noise
propagates down the ducts just like noise from any other sources in the duct
system. It is typically in the mid- and higher frequency range and thus is relatively
easily attenuated by dissipative treatments such as silepcers or limng. When
attenuating elements do not exist in the ductwork between the source and the
occupied space, this noise can become a concern.
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TABLE 17.11 Recommended Airflow Velocities in Lined Duct Systems®”

Airflow Velocities (fpm) Counsistent with Indicated Noise
Criterion (NC) through Net Free Area of Duct
Section or Device

NC 15 NC 20 NC235 NC 30
Duct Element or Device  Supply Retwrn Supply Return Supply Return Supply Return
Terminal device® 250 300 300 360 350 420 425 510
(4 in. nunumum slot width) .
First 8—10 ft of duct 300 350 360 420 420 490 510 600
Next 1520 ft of duct 400 450 480 540 560 630 680 765
Next 15~20 ft of duct 500 570 600 685 700 800 850 970
Next 15-20 ft of duct 640 700 765 840 900 980 1030 1180
Next 15-20 ft of duct 800 900 960 1080 1120 1260 1360 1340

Maxumum within space” 1000 1100 1200 1320 1400 1540 1700 1870

Note: Fan notse must be considered separately. Reduce duct velocities (not diffuser/grille velocities)
by 20% if ductwork 1s unlined.

2 All ducts with 1-in.-thick internal sound absorptive lining.

# Above runeral fiber panel ceiling. Lower velocities 20% if open or acousucally transparent ceiling.
*No dampers, straighteners, deflectors, equalizmg grids, etc. behind ternunal devices.

The following guidelines are offexg% for duct sizing based on the location,
type, and class of ductwork:

<3000 feet per minute (fpm) velocity in round ducts in mechanical rooms and
shafts,

<2500 fpm velocity in rectangular ducts mn mechanical rooms and shafts,

<2000—2500 fpm velocity in the ceiling of occupied spaces with mineral fiber
ceiling for NC-35 to NC-40 goal,

<1500-2000 fpm velocity in the ceiling of occupied spaces with open or
acoustically transparent ceiling for NC-35 to NC-40 goal,

<1500 fpm velocity in larger final distribution ducts serving NC-35 to NC-40
spaces,

<a friction rate (pressure loss rate) of 0.10 . wg/100 ft of duct run i smaller
final duct distribution for NC-40, and

<a friction rate (pressure loss rate) of 0.08 . wg/100 ft of duct run in smaller
final duct distribution for NC-335,

Airflow velocity guidelines for the design of special low noise spaces (typically
NC-30 and lower) are presented in Table 17.11 for lined duct systems.

17.3 SYSTEM DESIGN FOR ESPECIALLY QUIET SPACES

The lower the noise goal for a particular space, the more carefully the duc;t
arrangement needs to be considered from the air balance and aerodynamic
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standpoints. In particular, the duct system needs to be designed to be as natarally
balanced as possible. That is, if the system is furned on, the airflow naturally
delivered from each outlet would match the desired airflow with little or no
damper throttling to control the flow. Creating systernatically branching duct
arrangements to an array of diffusers or grilles is typically a good approach.
There should be suitably long straight ducts between the branches for the flow
to straighten out and divide, as desired at the next branch. However, not all
buildings and conditions can accommodate this design concept. Often there is a
need to have a series of diffusers or branches to diffusers off the side of a large
main duct. Having at least a modest length (a duct diameter) of straight duct
run out to the diffuser is always preferred to improve the airflow presentation
to the back of the diffuser and to create a more desirable position for a damper
that can be used to control the flow at a point that is away from the diffuser.
For these cases, it is often best to have the main duct that feeds the diffusers
remain a constant size so that the pressure drop along the mam “header” duct
becomes small and the flow distribution is controlled by the pressure drop of the
runouts. To aclueve a naturally balanced design, it is generally best to have the
diffusers and grilles be in a reasonably cohesive, grouping rather than be widely
spaced out.

It is recommended to avoid having a tight cluster of diffusers serving a critical
space and then a long “tail” duct extending downstream, because to balance the
system, it will be necessary to throttle dampers near the diffusers serving the
critical space, and this will cause noise to be generated.

Dampers should be provided in duct systems as needed to control the flow,
but they must be located sufficiently far from the terminal devices so that the
turbulence and noise they generate can be sufficiently attenuated before it reaches
the occupied space. For especially quiet systems, dampers should not be placed at
or near the face of the diffusers and grilles. It is essential to use dampers well back
in the duct system fo adjust for major deviations from a natural air balance design.

The airflow velocity near diffusers and grilles needs to be appropriately slow
to avoid excessive noise generation. As one moves back in the duct system away
from the critical space, flow velocities can progressively increase. Ideally. the
velocities would step down in moving toward the critical space 1n a manner that
1s consistent with the desired systematic branching pattern. The best correlation
between airflow velocities and the noise resulting in the space of interest is for
noise from grilles and diffusers in the room and for the ducts closest to the
room. The correlation between noise reaching the space of interest and the flow
velocity becomes less direct as one moves further into the duct system, away from
the receiving space. Thus, there is not much room for compromise in velocities.
close to the occupied space, but there may be room for compromise from an
ideal design at greater distances from the occupied space.

Table 17.11 presents suggested velocities in duct systems serving quiet spaces
to help ensure achieving particular noise goals with acoustically lined ductwork.
These suggested flow velocities generally assume that the duct configuration wiil
be only average in terms of its aerodynamics. If very desirable airfflow geometry
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is achieved, somewhat higher velocities can be allowed. The suggested velocities
through the net fres area of the diffusers and grilles, given in Table 17.11, assumes
a nominal slot width of about 1/2 in. To the extent that wider slot widths are used,
higher velocities can be allowed for a given noise goal. Typically, there might
be an allowable increase in slot velocity of 15-20% for each doubling of the
nominal slot width up to about 2-in.-wide slots. Special nozzle-type diffusers are
available to operate more quietly so that they can throw the air further for a given
noise level. The manufacturer’s noise data should be reviewed for special diffuser
applications, being sure that the noise generation is adjusted from the conditions
under which the devices are tested to the actual conditions of use. Because, at
the mndicated velocities, it 18 difficult to blow the air very far, for quiet systerms,
supply air is often delivered using a distributed array of diffusers at the ceiling
rather than from the sidewalls of a space. This is not to say that sidewall blow
applications need to be avoided; they just need to be limited to covering a small
zone at the sides of the space rather than trying fo condition the entire space
from this position. Using a combination of ceiling diffusers and sidewall blow
diffusers can be a useful technique to divide the main ducts into smaller pieces
that will fit through the building more easily than handling all the airflow in fewer
large ducts. Note that to help fit ducts into buildings it is often better to avoid
having diffusers or grilles directly off the sides of a main duct because the entire
airflow in the main duct will have to run at a very low velocity and this duct
will be very large. However, in applicatigns where there is ample space for large
ducts or where ducts are exposed, this may be a simple, neat, and clean approach
to the design. Developing the duct distribution in a systematic branching pattern
naturally allows the ducts that have the large airflow quantity to be sized at
a higher velocity, which helps them fit in the building more easily. For quiet
systems, the space required to handle the airflow at the desired velocities can be
considerable and-this can trapslate into requiring more building volume in which
to maneuver the ducts. Considering the system design concept and velocities early
in the design can allow the building to be more economical from the standpoint
of the sheet metal that is used and the building volume that is constructed. Not
considering the duct system requirements early in the design may result in an
undesirable compromise in the design and/or the noise levels that can be achieved.

Note that about a 20% change 1n velocity is generally associdted with a 5-NC
point change in noise level in the occupied spaces. Thus, a compromise of increas-
ing the airflow velocities in a project design by 20% will generally increase the
noise by about 5 NC points. Also, lowering the noise level by about 5 NC points
requires about 20% lower velocities; this translates into only about 10-15%
increase in the dimensions and surface area of round and (reasonably square)
rectangular ducts. Increasing the noise goal by 5 NC poimts will only save about
10—-15% of the sheet metal cost.

The airflow velocity guidelines in Table 17.11 assume that there will be lining
in the duct system, and this is generally recommended to control the noise gen-
erated by flow in the ducts at fittings and unexpected flow obstacles in systems
that are to be especially quiet. For lower noise goals, more things need to be
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done properly in the implementation of the design and there 15 less margin for
error. If the ductwork does not have lining, it is suggested that the velocities in
the ductwork (not at the diffusers and grilles) be about 20% lower than indicated
to allow about a 5-dB margin for the lack of attenuation in the duct path.

174 DIFFUSER AND GRILLE SELECTION

The airflow velocities for low-noise spaces presented in Table 17.11 are only
guidelines which include a number of assumptions, including that the nominal slot
width is about 1/2 in. and the ductwork leading to the diffuser is only nominally
configured. This also includes assumptions regarding the room effect and the
number of diffusers that are contributing to the ‘sound field at the receiving
position. Note that the larger the room, the more likely it is that diffusers will
be more numerous (and hence there will be more sources of noise), but in this
case, it is also more likely that the diffusers will be further from the receiver and
hence the room effect will be larger. These two factors tend to counter each other
so that a smgle velocity guideline chart can cover a wide range of applications.

Manufacturers often provide data for the noise generated by their diffusers and
typically these are boiled down to a single NC rating for the diffuser at a particular
flow. Be careful in applying manufacturers’ data because they are generated under
ideal flow conditions and often include very favorable room effects so that the
reported noise levels are as favorable as possible. Also, they typically are reported
for one diffuser or for a short section of a linear diffuser where the application
may have many more such elements contributing to the noise level at a receiver
location. Jt is necessary to account for the sum of the noise that is generated
by multiple diffusers/grilles which reach the receiver as well as to make other
adjustments to correct the assumptions in the presented data to match the actual
conditions of a project. It is also essential to make adjustments to the ideal flow
condition used as the basis for the data to get to the actual applied flow condition.
For especially quiet spaces, use of the velocity guidelines may be a preferable
approach for establishing the selection parameters for the diffusers and grilles.

The noise produced by dampers needs to be assessed separately from diffuser
and grille noise, but having two flow turbulence-producing devices closely spaced
in series may add to the noise each device produces by itself.

Displacement ventilation systems which deliver air to the occupied zone
through diffusers at the floor can often be very quiet. This is largely because
air is introduced to the space in small quantities at any one location and the
flow velocity at the diffuser needs to be particularly low for comfort reasons.
The result can be a system with little diffuser-generated noise and this can be a
favorable design approach for spaces that need to be very quiet.

17.5 NOISE BREAKOUT/BREAK-IN

When ducts contaming high levels of noise pass though spaces with low or
moderate noise goals, it is necessary to consider whether the nose that transmits
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out through the surface of the sheet metal duct (called the breakout noise) is
suitably controlled. Similarly, when a duct in which the sound field inside has
been gquieted passes near a noisy piece of mechanical equipment prior 10 pen-
etrating the mechanical room wall, noise may break imto the duct and travel
down the duct to a receiving space of concern. To minimize concern for noise
breakout/break-in, it is usually best to position the high-insertion-loss elements
in the duct system (the silencer) at or very near the penetration of the mechanical
room boundary. However, it is not always possible to achieve this goal along
with the goal of achieving good aerodynamics for the application of the silencer.
Special elbow (or other configuration) silencers can help achieve the goal of
the desired position of the silencer for breakout/break-in considerations while
avoiding poor flow. This is a very good use of special silencers.

The noise that breaks out of and into ducts can be predicted using Egs. (17.7)
and (17.8), respectively:

‘ S
Lw(out) = Lw{in} - TLout + 10 IOg (Z) - C (17:7)
Lpgny = Luow) = Than — 3 (17.8)

where Lyouy = sound power level of sound radiated from outside surface of
duct walls, dB
Loyqny = sound power level of.sqund iside duct, dB
S = surface area of outside sound-radiating surface of duct, in.2
A = cross-sectional area of inside of duct, in.?
TL o = duct breakout transmission loss, dB
C = correction factor as follows for values of
A = Ty — 10 log(S/A)
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Note: These breakout and break-in equations should not be used where A <
—10. Also, where A is a negative number, the precision of the result is question-
able. The value of A tends to go negative with relatively long duct sections. This
approach does not take into account any dissipative attenuation along the duct
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path, but at the low frequencies principally of concern for breakout and break-mn
issues, dissipative attepuation is usually small along the duct path in the length
of duct sections for which the approach should be used.

The noise breakout formnla can further lead to prediction of the sound pressure
level in a receiving space by applying an appropriate room effect and including
the sound isolation of any intervening constructien. The noise break-in equation
will determine the sound power that can then be used as a source level and the
propagation of this noise can be traced along the duct system. Treatments for
noise breakout/break-in typically include increasing the surface weight of the
duct constructton, stiffening the duct, applying a flexible mass barrier material
on resilient backing (such as a glass fiber mat or foam), or enclosing the duct
m gypsum board using a variety of possible details. Prediction of the insertion
loss achieved by various types of wrappings is given in Chapter 13. The further
the enclosing mass layer is from the duct surface and the heavier the enclosure
material, the better this will control low-frequency sound, which is most typ-
ically the concern. Circular ducts are mherently stiffer than rectangular ducts
made of flat metal sheets, and for this reason, distribution systems using cir-
cular ducts are often less prone to breakout/break-in noise problems. Note that
there is a particular concemn for breakout/break-in noise when glass fiber panel
or other acoustically transparent ceilings are used in occupied spaces in build-
ings. Where there is a solid gypsum board ceiling, breakout noise 1s naturally
less of a concern than where there 18 a conventional mineral fiber acoustical
ceiling.

Ducts that drop out of the bottom of rooftop air-handling units into the ceiling
plenums above occupied spaces are a classic case where duct breakout noise 1s
a problem, and this typically is worst when the supply duct discharges directly
down into the ducts rather than into a plenum within the unit. Elbow silencers
with high-transmission-loss casings can be a convenient method of addressing
this problem. If a straight silencer is used and is located well away from the
elbow that tarns in the ceiling space, there can be a significant amount of duct
wall which can radiate noise to the occupied space and may need to be treated.
This is discussed further under the rooftop unit section (Section 17.10). Most of
the duct enclosure treatments to address this concern are very difficult to install,
especially when there is limited space and the building is finished. Whenever

possible, designs should be developed which avoid the need for this sort of
treatment.

176 FANS

Fans are typically the major source of noise emission into duct systems. The
various fan types have differing noise spectrum and magnitude characteristics
and this is also a function of the duty. Certain fans are acrodynamically better
suited for particular flow and pressure applications. This needs to be considered
for the full operating range of the application. Many older references, such as
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older editions of the ASHRAE handbooks, include generic methods to predict
the noise generated by fans, and such sources can provide useful guidance in the
absence of more specific data from the manunfacturer for the fans that are planned.
If such data are used, remember that, due to changes in manufacturing methods,
modern fans may not be made the same way as the fans used as the basis for the
generic prediction methodology. Often new fans are made more economically
and produce more noise that older fans. It is best to obtain the noise data for the
fan from the prospective manufacturer, tested in accordance with the most current
applicable standards. These data should be used as a guide in the selection of
the fan and as a point of comparison between candidate fans for an application.
In addition, the quietest of the reasonable fans should be selected for a given
application. Such a process should help avoid selecting a particularly noisy fan,
which could lead to unexpected noise problems or noise control treatment which
could unduly burden the system.

The manufacturer’s noise emission data for faps are based on a standard
test which may or may not closely match the conditions of a particular field

S
Fair Bad Bad

Notes:

1. 8lopes of 1in7 preferred. Slopes of 1 In 4 permitted below 200 fom.

2. Dimension A should be at least 1.5 times B, where B is the largest discharge duct dimension.
3. Rugged turning vanes should extend the full radius of the elbow.

4, Minimurn 6-in, radius required.

FIGURE 17.3 Various outlet configurations for centrifugal fans and therr possible rum-
ble conditions. Source: 1999 ASHRAE Applications Handbook, © American Society of
Heatmng, Refrigerating and Awr Conditioning Engineers, Inc., www.ashrae.org.
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application. The noise radiated by the fan into the duct will vary with the partic-
ular acoustical impedance of the connected ductwork. Consequently, the actual
sound power of the fan that is emitted mto a duct system may differ from the
manufacturer’s data. :

Particular care should be given to the inlet and outlet flow conditions for fans.
Poor inlet flow can unbalance the flow over a fan wheel, causing performance
problems and excess noise generation at the anticipated speed for the application.
The fan speed may need to be increased to compensate for unexpected pressure
losses and thus generate more noise than expected. Inlet vanes or substantial flow
distortion due to flexible connections protruding into the flow can easily cause
an mcrease of noise on the order of 6 dB across the full frequency spectrum.
The local airflow velocities on the discharge of fans can be quite high in some
regions and probably will not be uniform over the outlet area. This needs to be
taken into account in the system design and arrangement. It is often not possible
to create ideal flow conditions, but it is important to create at least reasonable
flow conditions and to avoid poor flow conditions which can create severe noise
problems. Figure 17.3 illustrates some favorable fan discharge conditions as well
as conditions that need to be avoided. It is always necessary to consider the flow
arrangement on the discharge of a fan or air-handling unit to be sure that the duct
and fan geometry work together as well as possible for the condition and, most
essentially, to avoid poor conditions. Poor flow conditions at the fans can lead to
low-frequency noise generation, either by the fan or due to large-scale turbulence
in the ductwork which will drum the duct walls, causing a low-frequency noise
problem that can be very difficult to solve.

17.7 TERMINAL BOXES/VALVES

Many HVAC systems serving buildings include a variety of terminal boxes or
valves to control the amount of air delivered to the occupied zone. Some boxes
are used to vary the airflow to the room in accordance with thermal load, Others
provide a constant amount of flow to assure ventilation rates and control zone
pressurization. Some boxes incorporate fans to mix plennm air with a vanable
amount of main system air to mamntamn a mintmum amount of air movement
while delivering variable heating/cooling. All of these boxes and valves have in
common that they produce a pressure drop from the higher pressure in the main
duct system to a low pressure in the final distribution ductwork on the room
side of the box. In throttling the pressure from the main to the final distribution
ductwork, noise is generated and this noise needs to be considered m the design
to meet desirable noise levels in the occupied spaces. The greater the arflow
quantity through the box, the greater the noise that is generated. However, the
most significant factor is that the noise boxes generate is a strong function of the
pressure drop across the valve, Boxes on a system that are near the fans natarally
see a higher pressure in the main duct than boxes near the ends of the system,
and boxes close to the beginning of the system will generate more noise than
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comparable boxes located toward the end of the system. Excess static pressure in
the main ducts can be a significant factor in noisy systems as the terminal boxes
in the system are throttling hard (have large pressure differential across them) to
control the excess pressure.

The manufacturers of terminal boxes generally provide noise data for their
boxes rated at various flow rates and pressure losses, and these data can be used
for noise analysis of the ducted system just as fan noise propagation down the
ducts is done. In such an analysis, the pressure loss that 15 of interest in deter-
nuning the noise of the box is the actual pressure drop that the box is expected
to produce in the field, not the minimum pressure at which the box will satis-
factorily control flow or some arbitrary pressure loss that is assigned. Because
of airflow control considerations, the boxes in many applications have inlet flow
conditions that are reasonably close to the ideal flow condition under which the
terminal box is tested for flow and noise. However, if there are adverse flow
conditions, the noise generated by the boxes may be higher than the manufac-
turer’s rating.

Noise radiation from the casings of the boxes can also impact the occupied
spaces near them, and to enable assessment of this, manufacturers also publish
casing radiated noise data. For fan-power boxes, these data include the noise that
radiates from the fan out of the plenum air inlet and this can be a significant
issue. In some cases it is necessary to provide attenuation for the plenum air
inlet to the box. Most moderate-size terminal boxes operating at nominal pres-
sures can be located in the ceilings of occupied spaces where the noise goal is
NC-35 or higher when there 1s a conventional mineral fiber ceiling. Where boxes
are in the ceilings of spaces with noise goals more stringent than NC-35, where
system pressures are anficipated to be high, and/or where ceilings with lower
transmission loss are used, special consideration should be given to the issue of
casing radiated noise. In particular, be cautious of exposed box applications or
where glass fiber, perforated, or open-slat ceilings are used.

The manufacturer’s noise data should be reviewed for verification, but typ-
ically the frequency band of concern for flat-plate damper boxes is the 250-
Hz octave band; for pneumatic-style boxes, the 500-Hz octave band; and for
plunger-style valves, the 1000-Hz octave band. The type of noise control treat-
ments that are applied in the duct systems should ideally be selected to treat
the particular noise spectrum that is expected based on the box/valve type that
1s used.

For systems that utilize terminal boxes/valves it is usually a good idea to
try to conceive the main duct system to be able to deliver the design aurflow
with the minimum overall pressure loss and the minimum differential in pressure
arriving at the various boxes in the system. Consider gradually reducing the flow
resistance in the main duct as the duct proceeds toward the end of the run and
the magnitude of air being handled is reduced. The overall velocity in the duct
system 1s often a significant factor determining the pressure drop from beginning
to end, and the design velocities should be as low as reasonably possible. Use
aerodynamically favorable fittings. Try to avoid particularly long duct runs by
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using more vertical shafts in the building to minimize the length of duct runs
on the floors served. Where it 1s possible and acceptable to create ring ducts fed
from both ends to serve the floor plate of a building, this can favorably reduce
the pressure that is needed in the system. Consideration of these design features
can help avoid noise problems and/or minimize the magnitude of attenuation
freatments that are needed.

Always be sure that the final setup and balancing have the system operating
at the lowest pressure that is consistent with delivering design airflow. This
includes making sure that the system pressure cannot be further lowered without
Jjeopardizing the required flow at the extremes of the duct system and making
sure that the fan is operating at the lowest speed that will deliver design flow. If
there are inlet vanes on the fan to control capacity, they should be nearly fully
open when the system is demanding full design flow. The inlet vanes should
not be constricting the airflow when the démand is full; if they are, the fan can
probably be slowed, which should reduce noise emission.

17.86 MECHANICAL PLANT ROOM SOUND ISOLATION
AND NOISE CONTROL

Good space planning is the best way to avoid sound isolation and noise prob-
lems at mechanical rooms. Avoid a common wall with a noise-sensitive space
that would require a substantial and expensive wall construction. Very high sound
isolation walls typically require discontinues in or special protection of the flank-
ing structural paths; such treatments can be cumbersome and expensive. Having
a cornmon wall also invites penetration of that wall with ducts and pipes. Since
creating a sufficiently tight seal around a single wall that is penetrated can often
be difficult and risky, these should be avoided. Creating a buffer zone of less crit-
ical space between a mechanical room and noise-sensitive space allows simpler
and less costly constructions to provide the desired isolation, and this minimizes
the risk of noise leaks at penetrations. It is good practice to position particularly
noisy equipment in mechanical rooms away from critical sound-isolating walls
to avoid exposure of critical constructions to unnecessarily high levels of noise.
Especially avoid locating equipment extremely close to walls where the sound
has no opportunity to lose intensity owing to spreading losses.

Building constructions that provide a good deal of sound isolation can be
constructed well, but there is always a door into the space, which is a weak sound
isolation condition, and the location of doors needs special planning. Certainly
1t 1s necessary to avoid doors to mechanical rooms directly from noise-sensitive
rooms. To the extent that it is possible to naturally create a double-door entrance
vestibule (“noise-lock™) to the mechanical room, such as by accessing the room
off of a back-of-the-house corridor that is separated with another door from more
public space, this is a good idea since good isolation can be reliably achieved
with ordinary door construction. : :

Mechanical plant rooms often contain equipment which radiate relatively high
levels of low-frequency noise, and it is necessary to have heavy constructions,
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such as masonry walls, surrounding the room. Lighter constructions such as
gypsum board on stud can be used, but double-wall constructions with a sub-
stantial air space between the two sides of the wall will likely be required. Hence,
light weight wall construction alternatives may take up more floor space. To the
extent that there {s auxiliary equipment associated with the main plant equipment
that is wall mounted, it 1s often wise to have a double-wall construction so that
minor vibration and structure-borne noise that might get coupled to the inner
wall of the mechanical room will not get strongly transmitted to the side of the
wall construction in the occupied space that is to be protected.

Creating an air-tight seal, as 18 always necessary for sound isolation, at the
heads of walls can be particularly problematic. Necessary firestopping can be
achieved for walls with fibrous packing and coating with intumescent mate-
rial, but this is not a suitable seal for sound control purposes where the basic
construction needs to close within a typical caulk joint of the abutting construc-
tion. Closing concrete block construction to the underside of fluted metal deck
and beams can be very difficult. It is also difficult to create a seal when con-
crete block comes up under roof constructions that are sloped for dramage or
need to accommodate structural deflection. The seals that are needed under these
conditions need to be considered early in the design, and practical methods to
accomplish the necessary seal in the field need to be detailed.

Floating concrete floors are sometimes required to separate mechanical spaces
from noise-sensitive spaces that are abgyf or below the mechanical room. Pre-
diction of the insertion loss of floating floors is provided m Chapter 11. These
constructions consist of a concrete slab (typically 4 in. thick) which is supported
above the structural floor on resilient mounts. Systems to accomplish this are
available from the various isolation product vendors. These constructions can
and do provide effective control of sound transmission through floors, but they
take up space that needs to be allocated from the start. They also reguire careful
coordination and implementation in the field in order to function as planned.
Floating floors are not generally designed as part of a vibration isolation scheme
for plant equipment; their primary use is for airborne sound isolation. Concen-
trated loads such as from equipment can be accommodated on fioated floors with
appropriate planning and design of the floated floor, but it can also be acceptable
to have such loads supported on small structural piers (housekeeping pedestals)
that penetrate through the floated floor. To avoid a sound isolation concern at
support points that penetrate the floors, these need to be kept as small as practical
and typically complete housekeeping pads are not used. The sizes and positions of
support piers need to be carefully coordinated in the field. Rather than use floating
floors to provide high-level sound isolation to spaces above or below mechanical
rooms, it 1S sometimes necessary to have special sound-isolating ceilings above
or below the mechanical spaces. These can be complex to implement and require
special coordination of the buillding services to avoid or minimize penetrations
for supports through the ceiling. The timing of construction of the ceiling relative
to installation of the building services needs forethought since it typically cannot
follow the usual sequence.
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17.9 VIBRATION ISOLATION CONSIDERATIONS FOR BUILDING
MECHANICAL SYSTEMS

Technical aspects of isolation of vibration sources are treated in detail in
Chapter 13. This section will provide some practical guidance regarding the
application of vibration isolation systems and devices to building mechanical
systems.

Numerous references, such as the sound and vibration control chapters of
the ASHRAE Applications Handbook,' and vibration isolation equipment ven-
dors provide guidance regarding the application of isolation devices for building
equipment, and the reader is referred to such sources for specific isolation selec-
tions based on the type of equipment, the speed of the equipment, the location
in the building, and the sensitivity of the application. For application to build-
ing equipment, the selection of vibration isolators 1s reduced to identifying the
deflection of the isolation element under the static load. The deflection of the
isolator under load is related to the natural frequency (the frequency at which
resonance occurs) of the isolation system by the equation

] 0.5
Jn=3.13 (E) (17.9)

where f, = isolator natural (resonance) frequency, Hz
d = isolator deflection, in.

Generally, to provide effective isolation, the natural frequency of the isolation
system needs to be no more than 0.30-0.10 times the drive frequency (RPM/60)
of the equipment. At ratios greater than (.30 isolation efficiency will be minimal,
and at a ratio of 0.70 there is theoretically no isolation at all. Cleasly, it is
necessary to avoid having the equipment operate at or near the natural frequency
of the equipment. There is generally little point in an isolation system that has
a ratio of isolation system natural frequency to equipment drive speed smaller
than 0.10 since little additional effectiveness is gained for practical installations
and the stability of the equipment on the 1solation system can be marginal.
Many pieces or equipment are equipped with vanable-speed drives and, in
this case, if is generally appropriate to select the isolation system for the normal
full speed of the equipment. As the equipment slows down and operates closer
to the natural frequency of the isolation system, the isolation system will provide
less 1solation efficiency, but fortunately, the magnitude of the machine vibration
force will be reduced at approximately the same rate. So, there are generally
no problems with this. The natural frequency of the isolator should typically be
no more than about half of the lowest operating frequency of the equipment to
prevent operation 100 close to resonance, but for more difficult applications, this
might be as high as 0.7. If it is not feasible to select large deflection springs,
sometimes 1t is necessary to limit the operating range of the equipment to avoid
operating too close to the isolation system natural frequency. This possibility
should be considered early in the design. In some cases it might be worthwhile to
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Judiciously increase the deflection of the springs to lower the natural frequency
to avoid impacting equipment operation and efficiency. However, an isolation
system should not be so flexible that it creates instability or operational problems
such as with alignment or stress transfer.

Inertia bases are used with many pieces of equipment to lower the center
of gravity and to reduce the vibratory movement of the equipment when it is
resiliently supported. Movement due to starting torque, resistance to forces cre-
ated by the static pressure a fan develops, and turbulent flow in large fan systems
are also reasons such bases are recommended for equipment. The inertia bases
only reduce the motion of the equipment on the isolation system. They do not
change the inherent unbalanced forces of the equipment, even though the mag-
nitude of vibratory movement of the equipment on the base will be lower. The
vibratory displacement of the base and that of the equipment rigidly mounted
on it will be lower because the mass that the forces are now acting on is the
combined mass of the equipment and the inertia base compared with the mass
of the equipment alone. Note that the inertia base does not change the vibration
forces that are transmitted to the building assuming that the deflection of the iso-
lation system remains the same. This is because, for the same static deflection,
the springs need to be stiffer to support the addmonal weight of the equipment
plus its inertia base.

In theory, the weight of the inertia base would be determined by the desired
reduction of the magnitude of the v1bratory movement, but the magnitude of the
motion of the equipment is not well kndWwn, so it is difficult to tell what mass
ratio to use. In practice, the weight of the inertia base for building mechanical
equipment is often determined by the weight of concrete fill in a steel frame that
approximates the rectangular outline of the equipment footprint (with allowance
for fastening), and the depth is determined by the need to make the base suitably
stiff. The depth of the base is often related to the length of the base and is typically
about 1 to 7 the longest dimension. Experience indicates that for many pieces
of mechamcal equipment, the base weight that results from this methodology is
sufficient to control excessive movement and prevent undue forces from being
transmitted to connected pipes and appurtenances.

Spring isolators most typically are manufactured to achieve rated deflections
of approximately 1, 2, 3, and 4 in. This means that when the full design load for
the spring is applied, the spring will approximately deflect this rated distance, and
at this condition, the spring will also achieve other desirable design features such
as for lateral stability, horizontal stiffness, and deflection reserve to bottoming
out. The rated deflection has nothing to do with the deflection actually achieved
in the field under the actual equipment load applied. For example, a spring that
has a rated deflection of 1 . for a 1000-1b load will only deflect 0.10 in. if it
is supporting 100 1b. The only thing that is important in terms of the isolation
efficiency of the mounting is the actual static deflection that results under the
applied load and, in the case of this example, the natural frequency would be
determined by 0.1 . deflection. Isolation devices need to be properly selected
to achieve the desired minimum static deflection and hence the desired isolation
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efficiency. Underloading an isolator can result in achieving less than the desired
1solation efficiency and overloading can cause the spring to collapse (bottom
out) so that it provides no 1solation at all. If a.spring is specified to achieve 1 1n.
minimum deflection under load, there is only one load that will exactly satisfy
the requirement if a spring is selected from a 1-in. rated series of springs, and
that 1s the maximum load that the mount can support; lower loads will achieve
less than 1 in. defiection and will not meet the required minimum deflection,
and greater loads will overload the spring. To achieve the required minimum
deflection in this case, a 2-in. rated deflection spring would need to be used
so that as long as it is loaded between half and full load, it will achieve the
required minimum deflection. This can cause unnecessary expense for isolators
that have substantially more capacity than needed. To clarify the performance
desired and to avoid unnecessarily costly springs, it 1s often better to specify
spring deflections of 0.75, 1.5, 2.5, and 3.5 in., as expected from 1,2, 3, and 4-in.
rated static deflection springs, respectively, so that there is a reasonable selection
range available.

For applications where the weight of the isolated equipment may vary sub-
stantially from time to time, such as for a cooling tower or chiller if the water is
drained for maintenance, the isolation devices that are used need to incorporate
some method to restrain the upward movement of the equipment as the weight is
removed because this can put excessive stress on connecting pipes. Equipment
that 1s located outdoors may be exposed to wind and exhibit lateral movement
which needs to be restrained. Special travel-limited isolators have been devel-
oped for this application which will snub the movement of the equipment under
such conditions, typically at about 1/4 in.

Many pieces of equipment need to be specially restrained to avoid damage to
the equpment or the building if a seismic event occurs. This applies to many
pieces of equipment, whether resiliently mounted or not, but clearly, equipment
that is resiliently supported could easily fall off its mounts if there is a seismic
event. Seismic restraint of equipment is an entirely separate issue from vibra-
tion isolation; it is essentially a structural issue. Isolation and seismic restraint
become related because so many pieces of equipment that are resiliently sup-
ported need restraint. There are seismic restraints available from vendors which
are completely separate devices from vibration isolators. In some cases it is con-
venient to incorporate seismic restraint into the isolators, and products that do
this are available from vibration isolation vendors, but it may not be necessary to
use combination devices. Where the equipment has no other pomt of attachment
but the mounting points at which suitable support and restraint can be achieved,
a combination device is necessary. It is essential that the seismic restraint not
compromise the performance of the vibration isolation system, and this is not an
easy task considering the relatively tight installation tolerances that are required
for both seismic restraints and vibration isolators. Often isolators with combined
seismic restraint can help achieve the desired level of installation more reliably,
and this 1s another benefit that such devices provide.
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Electrical connections to vibration isolated eguipment need to be made flex-
ible to avoid creating a problematic vibration transmisston path to the building
structure. These are typically made with either a section of flexible conduit or a
special flexible electrical coupling. For small-size equipment and conduits, prac-
tical lengths of flexible conduit are effective and sufficient. As the size of the
equipment and the connecting conduit increase, the flexibility of these systems
may diminish and it may be necessary to use special flexible electrical couplings.
The flexible connections should be installed in whatever manner creates a slack
condition.

Piping that connects to isolated equipment also needs to avoid creating a
vibration transmission path to the building. There are flexible pipe connections
available for many applications, but because vibration can travel through the fluid
in the pipes (which is often highly incompressible), vibratory energy is often not
stopped sufficiently by them. Such connections are best used (or not) based on
considerations other than vibration control (e.g., thermal expansion/contraction
or alignment). To control vibration transmission to the building via pipes, it is
usually necessary to resiliently support the pipes for some prescribed extent, but
that extent is not easy to describe and could vary substantially from project to
project. Many schemes have been devised to describe the scope of pipe 1solation
in buildings, such as a prescribed length of pipe or a certain multiple of the
pipe diameter, and this 1s somewhat dependent on the designer’s philosophical
approach. The fixed length of pipe isolation from a vibration source approach
does not account for variations of pipé sfiffness based on size. Clearly, a 1-in.
pipe for a particular duty is much more flexible over a given distance than a 12-
in. pipe for a similar duty. Prescribing the length of isolation in pipe diameters
partly addresses this issue, but this approach can be difficult to work with in the
field. In practice, there needs to be some compromise between a practical scheme
that can be implemented in the field, a system that makes sense economically,
and a scheme which will provide the isolation that is needed for the size of pipes
and the vibration sources involved. There are many possible approaches to this
specification depending upon what is workable and cost effective. There may be
a generic scheme that is appropriate for many applications, but this should be
carefully considered for each project before finalizing the scheme. The designer
should keep in mind that a resilient connection between a pipe and the building
structure provides a reduction of the vibratory force only if the local impedance
of the supporting structure is high compared to the impedance of the isolation
device. Little isolation will be gained if a moderately stiff isolator like a neoprene
pad is used to resiliently support a pipe from a lightweight and flexible gypsum
board on stud wall.

Classic vibration isolation theory assumes that isolators sit on supports that
are itfinitely stiff and massive. This is reasonably the case for-support conditions
at slab-on-grade floors, but this may not be the case for support conditions at all
structures above grade. Most isolation application guides take this into account
and provide recommendations for a variety of less than perfect support conditions
such as on above-grade structures. The implications of structural flexibility on
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vibration isolation for most above-grade support conditions are rather modest
where the structure is reasonably massive (such as a concrete floor) and is suitably
strong to support mechanical service equipment. This accommodation involves
only slightly softer isolators than would be used on grade, but the isolators are
still within the range of conventional products that are economuically available.
When the supporting structure is particularly lightweight, such as wood frame
construction or a simple metal deck roof, special attention needs to be given 0 the
support condition, and it may be necesgary to create special load transfer schemes
to transfer the load to more substantial points of structure such as columns.

17.10 ROOFTOP AIR CONDITIONING UNITS

Many HVAC systems employ a variety of types of packaged rooftop air
conditioning units with circulating fan systems and sometimes with integral
compressor/condenser sections. Because such equipment is often noisy and
typically supported on a lightweight structure directly above occupied space, this
equipment 13 one of the most common sources of noise problems in buildings.
Because of space limitations and the magnitude and frequency of excess noise
that results, problems with this equipment are often very difficult and expensive
to address, especially once the equipment is installed. Sometumes it is not
practical and economically feasible to fully resolve the problems presented by
this equipment at the imitially chosen location and major system changes are
needed. The best way to address noise from this equipment 1s to have it stalled
at the outset according to a well-conceived noise and vibration control scheme.
The necessary installation features to control noise and vibration may be new
and unusual to some installers, and it is wise to take the extra steps to clearly
document all the necessary details so they can be properly implemented.

The roof construction needs to extend fully under the equipment and needs to
close tightly around any penetrating elements such as pipes and ducts. The roof
construction needs to be appropriate to control airborne sound transmission to the
occupied space, including sound that might transmit both through the roof deck
directly under the unit and off to the side of the unit (for some distance from
the unit). If concrete is used in the roof deck, this is very good and can help to
address, in a simple manner, both airborne noise and vibration isolation issues.
Concrete is not always necessary and lighter weight sound isolation alternatives
can be conceived, but they may be unfamiliar to some installers.

Having the supply fan discharging directly down into the supply duct entering
the ceiling of an occupied space is often a problem and does not allow easy
opportunities to incorporate silencing devices. If possible, 1t is usually much better
to have the fan discharge horizontally within the unit, into a discharge plenum
(also 1n the unit), before the air 1s delivered to the duct system. The discharge
plenum presents an opportunity to incorporate sound attenuation treatment before
the air stream enters the duct in the ceiling of the occupied space. In some cases
it is acceptable to run the ductwork across the roof before penetrating the roof,
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and this is always a favorable noise control approach since it allows space for
turbulent airflow to smooth out, allows room for substantial silencing treatments
before the ductwork gets into the ceiling of the occupied space, avoids what
are often poor duct flow geometries at the fan discharge which occor when the
duct drops directly out of the bottom of the unit, and allows low-frequency fan
and duct rumble noise in the initial duct sections to dissipate outdoors rather
than radiate in the ceiling of occupied space. However, such ducts may present
practical and aesthetic design issues. The return/relief air path associated with
rooftop units can present similar issues as discussed for the supply air path, but
typically conditions at the return are not as severe because the flow conditions
are not as bad and there is less fan noise. Similar noise control treatments might
be considered for the return as for the supply.

Be sure that the duct geometry on the discharge of the supply fan is as rea-
sonably advantageous as possible and avoid poor geometries as discussed above.

Silencers are often needed in the supply and return ducts and this attenuation
should ideally happen before the ducts enter the occupied space, but if the duct-
work from the unit drops directly into the ceiling and then has to turn into the
horizontal ceiling plane, there is no aerodypamically appropriate location to put
the silencer close to the unit discharge. Often, an elbow silencer can work well
for these applications. When the silencer is moved away from the roof penetra-
tion, 1t is often necessary to encase the ductwork between the roof penetration
and the silencer in a special noise barrigr construction. The silencers for these
applications also often need to have spec?al high-transmission-loss casings or
be encased along with the adjacent ductwork. All of these details are awkward,
expensive, and difficult to construct within the limited ceiling space that typically
exists. Sometimes, special curbs are created under the units to allow the return
air to flow back to the vnits within the curb space, such as shown in Figure 17.4.
With appropriate design and detailing, this can facilitate very good and practical
ways to incorporate noise control treatments for both the supply and return paths.

Vibration 1solation of packaged rooftop HVAC equipment can present prob-
lems, but this most often results when the units have integral compressor/con-
denser sections. When the unit just has basic supply and return/relief fans in
the cabinet, vibration isolation can usually be satisfactorily accomplished with
conventional, suitably soft, spring isolation for the fans within the unit. In this
case, such units can externally be rigidly supported to the building in whatever
manner is desired based on other considerations. When a unit has a compres-
sor/condenser section, there is a concern for vibration isolation even though the
compressor may be “internally” isolated. This is because the refrigerant piping
within the unit s typically not adequately internally isolated, allowing vibration
transmission to the equipment casing and hence to the building. In this case it
is necessary to externally vibration isolate the entire unit with a spring isolation
system. This is dope in either of two ways, depending upon how the umt is
intended to be supported and how the building designer plans to transfer the load
to the building structure. There are special curb isolation devices available for
equipment that requires curb support and closure of the space below the unit,
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and some of these products can accommodate the aforementioned w-curb return
airflow path scheme. If the load is to be transferred to the roof via a structural
system raised above the roof, then point isolators are used. If the unit is intended
for curb support but s raised above the roof m this manner, it may be necessary
to mockup a structural curb for the unit to transfer its load to the point 1solators.

17.11 OUTDOOR NOISE EMISSIONS

Many local authorities have noise regulations to control noise tmpact on neigh-
boring properties and generally throughout the community. These need to be
uncovered as part of the code searches at the outset of a building project so
that they can be addressed in the mechanical system concept for the building.
Typically, either fixed noise limits for specific receivers are established or the
allowable noise level 18 based on the existing ambient noise level in the impacted
area. If the noise requirernent 1s based on the existing ambient noise condition,
the existing noise has to be measured. Where neighbors are close by, require-
ments are stringent, and/or the receivers look down on the noise sources, meeting
the noise requirements can be quite challengimg.

Many pieces of equipment that are particularly economical (such as many
air-cooled devices) are quite noisy and may not easily conform to noise regu-
lations. Fortanately, equipment and mechanical schemes that produce less noise
are often available, and, although they may be more expensive at the outset, they
often provide some energy payback in the long run. Quieting the noise at the
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source 18 almost always the best approach to controlling outdoor noise emissions.
Evaporative cooling equipment is usually quieter than air-cooled equipment.
Equipment incorporating centrifugal fans is wsually much quieter for a given
duty than comparable equipment with propeller fans. Propeller fans can be qui-
eted by using larger and/or slower moving fan blades. even if more fans are
required for the duty. There are several degrees of propeller blade technology
available (particularly for moderate to larger blade size applications) which can

provide worthwhile noise reduction at an affordable cost. Typically, propeller

blade noise reduction is achieved by having more aerodynamically efficient blades
with wider chords so that they move more air with each rotation and can move
a given quantity of atr with lower fan speeds. Some equipment can be equipped
with variable-speed drives so that when the demand on the equipment is low,
the equipment (typically fans) can operate more slowly and therefore with lower
noise emission levels. This is of course statistical noise reduction and will not
produce noise reduction when full speed 1s required. However, this is partic-
vlarly useful for equipment such as cooling towers where the heat rejection
requirements at night are lower than the design condition and it is easier to reject
heat to the cooler nighttime environment. The noise reduction that results with
variable-speed drives often works naturally with the typical diurnal noise cycle
which has lower noise conditions at night. It is best to avoid equipment which
has a noise emission spectrum that is particularly tonal since many regulations
prohibit or more strictly limit tonal sounds Tonal sounds are typically judged to

be more annoying than an equivalent levelof broadband sound, so the likelihood °

of avoiding a noise complaint is better with broadband sources than with tonal
sources. For a given level of satisfaction with the noise level achieved, a greater
degree of noise control will need to be applied to tonal sources.

Sometimes equipment cannot be purchased suitably quiet within practical or
economical limits, and 1t is necessary to apply noise control treatments. For
many pieces of equipment and systems this can be reasonably and economically
accomplished, such as with silencers or by building a noise barrier to block sound
emissions in a particular direction. However, some pieces of equipment are not
well suited to having noise control applied and treatments (such as barriers) can
inhibit airflow. For instance, propeller fans produce dramatically lower airflow
when working against even small degrees of extra pressure loss, and it is diffi-
cult to apply silencing devices to such equipment without degrading mechanical
performance. Heat rejection equipment such as cooling towers and condensers
oeed to avoid having the hot discharge air be recirculated back into the inlet
because this can reduce efficiency and limit the mechanical capacity of the unit.
Providing high levels of noise control to such equipment is often not possible and
alternate equipment selection may become essential. The ability to adapt noise
control treatments to equipment, if required, 1s a factor that should be considered
m selecting the basic equipment and mechanical scheme. For small amounts of
excess noise (typically less than about 10 dBA) it may be possible to create a
noise barrier with sound-attenuating louvers which can allow some airflow to
help mitigate the adverse airflow due to the barrier.
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s CHAPTER 18

Active Control of Noise and Vibration

RONALD COLEMAN AND PAUL J. REMINGTON

BBN Technologies
Cambridge, Massachusetts

18.1 INTRODUCTION

The term active noise and vibration control (ANVC) refers to systems that
use externally powered actuators to gemerate sound and/or-vibration to reduce
responses caused by unwanted disturbances. These systems consist of a set of
reference sensors that monitor the source and a set of control, or residual, sensors
that monitor syster response. In some cases {(e.g., feedback control) the reference
and control sensors are the same. The signals from these sensors are inputs to an
electronic controller, which filters the sensor signals to generate drive signals for
the actuators. In a well-designed system the actuators excite a structure and/or
sound field in such a way as to interfere with the disturbance and reduce the
unwanted noise and/or vibration. The advent of modern digital signal processing
hardware and software has allowed the controller in the system to be extremely
flexible and even to adapt to changing conditions.

While ANVC has become a powerful tool for the noise control engineer, if is
not a “silver bullet,” and careful consideration mwust be given to passive mitiga-
tion approaches in any noise and vibration coutrol problem. At low frequencies
where the offending source consists of a small nomber of discrete frequencies
and where the system to be controlled bas only a small number of degrees of
freedom, ANVC can be very cost effective. Passive treatments can also be uti-
lized successtully on tonal sources at low frequency, but because the acoustic and
structural wavelengths can be very long, the weight and size of the treatments
must often be quite large to be effective.

Broadband sources of noise and vibration at high frequency, the other extreme,
are often best controlled using passive techniques because many passive ap-
proaches are broadband in nature. In addition, because the acoustic and structural
wavelengths in the system to be controlled are short, the treatments need not be
large and heavy to be effective. On the other hand, active systems are usually
less effective against broadband sources, and higher frequencies can place con-
siderably higher demands on the controller hardware.

721
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As the above discussion mdicates, ANVC can be effectively employed against
narrow-band disturbances at low frequencies where the system to be controlled
has a small number of degrees of freedom. The term degrees of freedom refers
to the number of ways that the system to be controlled can respond. The number
of modes contributing significantly to the response of a system 1s an example of
the number of degrees of freedom. It 15 important in ANVC because, as will be
discussed later, the number of degrees of freedom corresponds to the number of
actuators needed to provide effective control. As the number of input and output
channels to the controller, the frequency range for control, and the performance
goals increase, so do the risks associated with the stability, robustness, and costs
of the resulting control system. In general, one wants to employ the system of
minimum complexity to achieve the design goals. In many cases the use of a
hybrid system employing both passive and active components 1s the best approach
and the most likely to succeed.

This chapter 1s designed to provide the practicing noise control engimeer with
an overview of the technology currently employed in the application of ANVC.
Enough detail is included in the hope of allowing readers to assess the applicabil-
ity of the technology to their problem and to allow them to lay out an approach
to the solution of that problem appropriate for ANVC. We begin with a brief dis-
cussion of some basic issues underlying ANVC technology, mncluding conceptual
overviews of several types of ANVC systems. Modern-day ANVC systems rely
on digatal signal processing technology, and the heart of digital signal processing
technology is, of course, the digital filtér. Ahese are discussed in Section 18.3.
The design of digital filters is a rich topic that has seen many years of develop-
ment. Here we can only scratch the surface and hope to give the reader some
appreciation of the power of the technology. Sections 18.4 and 18.5 deal with
feedforward and feedback control architectures, respectively. The chapters com-
pare the two architectures, provide guidelines for design of optimal controllers,
including adaptation, and discuss system identification issues. For feedback a
suboptimal heuristic design approach is also presented. The next section deals
with practical design considerations. The topics include the determination of the
number and location of actuators and sensors, selection of control architecture
and hardware, performance simulations, and controller implementation and test-
ing. The final section provides a detailed discussion of three ANVC systems that
have been successfully implemented.

~

18.2 BASIC PRINCIPLES

Placement and Selection of Control Sources/Actuators

The basic concept behind active noise control is illustrated i Fig. 18.1. There a
loudspeaker has been placed a distance L from an unwanted source of sound. The
mtent is to create sound from the control loudspeaker that will be out of phase
with and will cancel the sound from the disrurbance source. Ideally it would
be desirable to control the sound radiation i all directions {(global cancellation),
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FIGURE 18.1 Disturbance source and confrol source.

and if the distance between the control source and disturbance source is small
compared to a wavelength of sound, excellent global cancellation is possible.
This comes about because the phases of the sound fields surrounding the two
sources are very nearly the same at every location. Consequently, if one source
is out of phase with the. other two, the sound fields will cancel everywhere. On
the other hand, if the separation distance is large compared to a wavelength, the
two sound fields will have very different phases with the differences depending
on location. As a resuit, the two sound fields will in some locations cancel and in
others reinforce one another. This 1s illustrated in Fig. 18.2, where the change in
the sound radiation from the disturbance source is shown as a function of angle .
For koL = 0.1 in the figure, where ko is the acoustical wavenumber and L the
distance between the disturbance source and the control source, the change is a
reduction of 20 dB or more for all angles. However, as the frequency increases
and %pL increases, the global reductions decrease. For example, in the figure,
for kol == 1 the reductions are limited to a small range of angles around +90°
and for kgL = 10 there 1s a 6-dB increase for most angles. The figare clearly
shows that it is desirable to locate the control source as close as possible to
the disturbance source. In some cases, however, when the physical dimensions
of the source are comparable to or larger than a wavelength at the frequencies
of interest, the control source cannot be located close enough to the disturbing
source. Figure 18.3 shows the effect of source separation on the overall radiated
acoustic power (the integral over all angles in Fig. 18.2). The figure shows that
for separation distances greater than one-quarter of an acoustic wavelength the
total radiated power will actually increase. This is a fundamental limitation on
ANV that can only be overcome through the use of additional control sources.
The use of multiple sources in a prototype system for controlling locomotive
exhaust noise is discussed in Section 18.7 under MIMO Feedforward Active

" Locomotive Exhaust Noise Control System with Passive Component.

One of the earliest demonstrations of active noise control was carried oot
by Conover! and Conover and Ringlee? of General Electric in the early 1950s
to control the noise from a high-voltage transmission line transformer. Using a
single loudspeaker, he utilized the electrical line signal to drive the speaker and
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FIGURE 18.3 Change in the overall radiated output power as a function of the separa-
tion between sources.
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appropriately amplified and phase shifted the harmomnics of the line frequency
to achieve the desired control. Because the system was not adaptive, occasional
manual adjustment was required to correct for changes in sound propagation at
the test site. In addition, because of the large size of the transformer, even at the
low frequencies he was concerned with (120 Hz), he counld not achieve global
cancellation but had to be satisfied with ~10 dB of cancellation over a beam
width of about 23°, corresponding to a point somewhere between the curves for
koL =1 and koL = 10 in Fig. 18.2. Remarkably, Conover was able to achieve
this level of performance using purely analog hardware. Digital hardware did
not come into use until the 1970s. Among the first to employ digital electronics
were Kido® and Chaplin and Smith.* Kido used digital hardware to implement
an active system to control transformer noise similar to Conover’s and Chaplin
and Smuth developed a digital system for controlling tonal exhaust noise.
While the above discussion has focused on acoustical sources, similar princi-
ples apply to structural systems. Consider, for example, a plate with a point force
disturbance applied as illustrated m Fig. 18.4 with a control actuator located as
shown. In this example the plate is 10 x 5 ft and %-in—thick steel with a loss fac-
tor of 10% and the disturbance force and control actuator are about 1.4 ft apart.
Because the plate in this example is finite in size, there will be resonant modes,
which will add further complications to the selection of the number and location
of the actuators. In this example, the control actuator is applying a force to the
plate, the amplitude and phase of which 15 designed to control the first mode.
Figure 18.5 shows the contribution of each mode to the plate response with and
without activating the control actnator. Comparing the two plots in the figure,
one can see that activating the control actuator has suppressed the first mode,
and, i addition, the second and third modes have also been reduced. Higher
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FIGURE 18.4 Plate with disturbance force and control actuator.



726 ACTIVE CONTROL OF NOISE AND VIBRATION BASIC PRINGIPLES 727

~70 , . . i . . : . ' order modes, however, have generally increased i amplitude. This ncrease in
i ; : ; ‘ ' ; the amplitude of uncontrolled modes is referred to as modal spillover. Modes that
80 : ? : : B are not targeted to be controlled can increase in amplitude. We can overcome

this problem by moving the control actuator closer to the point of application of
the disturbance force or we can add additional actuators, one for each mode that
we wish to control. In general, placing the actuator as close as possible to the
disturbance source will result in the best reduction in vibration. For example, in
Fig. 18.6 the mean-square plate displacement averaged over the area of the plate
is shown uncontrolled and controlled with a single actuator 1.4 ft away from the
distarbance force and 0.28 ft away. When the actuator and disturbance are 1.4 ft
apart, the vibration below 40 Hz is well controlled, but above about 50 Hz the
control actuator increases the plate vibration due to modal spillover. When the
control actuator is moved closer, spillover 15 virtnally eliminated n the frequency
range shown.

We can also increase the number of actuators, which will enable us to control
additional modes and increase the frequency range over which the control will
be effective. As an example consider the four control actuators located as shown
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dal amplitudes: (2) uncontrolled; (b) controlled. “Note that the actuator positions have been selected to ensure that at least one actuator is capable of
exciting each of the four modes. If the actuators are placed near the node of a mode to be controlled,
the actuator will be meffective in controlling that mode.
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FIGURE 18.8 Change in mean-square plate vibration using four control actuators.

below 80 Hz the reduction m vibration is comparable to that achieved by bringing
the control actuator very close to the disturbance point force. Good performance
above 80 Hz can be achieved by continung to increase the number of actuators
and targeting more and more modes for control. Note that similar modal issues
come 1nto play in active noise control when the noise control is to be carded out
in a confined space rather than in the free field in the first example.
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The lesson to be learned from all of this is that, when possible, placing the
control sources as close as feasible to the offending sources will provide the
best noise and vibragon reduction performance. When this is not possible due
to the size of the source, lack of access, and so on, the loss in performance
can be made up, in principle, by employing a larger number of control sources.
However, increasing the number of control sources will increase the complexity
of the controller needed to drive them and will certainly mncrease the cost of the
entire system.

Control sources come in a wide variety of forms. For acoustic applications,
loudspeakers are typically employed. The active elements in the speakers may
be electrodynamic (voice coil), piezoelectric, or electromagnetic, to mention a
few. The active element might be used to move a speaker cone, modulate air-

‘flow, or deform a structure. The most common configuration is a speaker cone

driven by a voice coil. Whatever the configuration, the speaker usually needs to
be enclosed for protection against physical damage, weather.protection, and per-
formance enhancement.’ Figure 18.9 shows an enclosure arrangement developed
for the active control system discussed in Section 18.7 under MIMO Feedfor-
ward Active Locomotive Exhaust Noise Control System with Passive Component.
These enclosures are bandpass enclosures designed to enhance the speaker out-

_put between 40 and 250 Hz, Each contains 2—12-in. loudspeakers and 10 were

employed to control the locomotive exhaust noise. Despite these efforts the
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FIGURE 18.9 Typical loudspeaker enclosure arrangement,
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performance of the active noise control system was limited by the output of
these control sources. This is typically described as having insufficient control
authority. Insufficient control authority is a problem often encountered 1n active
noise control systems, and an assessment of the control source requirements 18
one of the first things that should be done before proceeding with any active noise
and vibration conirol system design. If there is not sufficient space and power
available to ensure adequate control authority, the active system is doomed to
have mferior performance.

A wide variety of devices are available to be employed as structural
control actuators. Typically these are devices that generate a force that is
reacted against an inertial mass (inertial shaker) or against another part of
the structure (interstructural shaker). The active element may be pneumatic,’
hydraulic.” electrodynamic,® electromagnetic,® piezoelectric,'® electrostatic,!* or
magnetostrictive,'> to mention a few. A large-capacity electromagnetic inertially
referenced shaker designed for use in an active control system is shown in
Fig. 18.10. :

In place of shakers piezoelectric’® patches are sometimes applied directly to
panels to control vibration or to radiate sound for noise control. Any of these
devices can be very effective, but the critical issue still remains. The device
must provide sufficient controi authority.

Control Sensors and Control Architectures

Sensors provide the input signals that the controller filters to drive the con-
trol sources and actuators. Sensors provide two functions, and to discuss those

FIGURE 18.10 A 2000-Ib-capacity electromagnetic inertial shaker.

*The inertial shaker usually provides better performance than the mterstructural shaker, especially
if the mterstructural shaker creates a flanking path outside of the frequency range where the control
system 1s functioning, but the interstructural device may be preferred when high control authority is
needed with minimum weight.
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functions, we need to describe the two commonly used control architectures:
feedforward and feedback. The two architectures are illustrated in Fig. 18.11.
In the feedforward system (Fig. 18.11a) one or more reference sensors measure
a signal that is correlated with the disturbance to be controlled. The reference
sensor output is sent to a control filter, which acts on the signal to generate an
output signal that is used to drive the control actuators. The control actuators
drive the system to be conirolled (the plant function P in the figure) and the
response of the plant 1s monitored by one or more residual sensors. The residual
sensors are sometimes called the control sensors or error sensors. The purpose
of the residual sensors is to monitor the performance of the control system. In
later sections we will see how the reference and residual sensors are use to define
and/or adapt the control filter.

In a feedback system (Fig. 18.115) there are only residual sensors, or, to
put it 1n other terms, the sensors n a feedback system provide both reference
and residual functions. As in a feedforward system, the residual sensors monitor
the performance of the control system. In addition, therr signals are fed to the
control filter, which acts on the signals to generate an ootput signal that 1s used to
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FIGURE 18.11 (a) Feedforward and (b) feedback architectures.
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drive the control actuators, The control actuators drive the system and generate
responses in the residual sensors through the plant transfer function, P.

The choice of whether to use feedback or feedforward architectures depends
on a number of factors. In general, if reference sensors can be placed to measure a
system response that is well correlated with the disturbance and residual sensors
can be placed on the system such that there is sufficient delay between the
reference and residual sensors (i.e., the reference sensors receive their signals
before the residual sensors), then feedforward is the architecture of choce. This
1s especially true if the reference sensors are unaffected by the operation of the
control actuators, such as would occur with a tachometer reference, for example.
Feedforward s preferred (as we shall see in later sections of this chapter) because
the algorithms are simple and easy to implement and the bandwidth requirements
on a feedforward system are much less stringent than for feedback.

If a suitable set of reference and residual sensors satisfying the above require-
ments does not exist, then feedback must be used. As will be shown in later
sections of this chapter, feedback control systems can present special problems.
In particular, stability and out-of-band amplification requirements™ can force the
bandwidth of the system to be up to 100 times the control bandwidth.

As with actuators there is a wide variety of sensors used in active noise
and vibration control systems. For systems designed to control only tones, a
tachometer is often the reference sensor of choice, because in most cases the
operation of the control system does not affect the tachometer, making the
implementation of a feedforward systerii much easier. Other sensors that are com-
monly used include, accelerometers, force gauges, strain gauges and piezoelectric
patches, proximity sensors, linear variable differential transformers (LVDTS),
microphones, hydrophones, and pressure sensors. The requirements on the sensors
are the same as for any high-quality instrumentation system: sufficient sensitivity
to measure the phenomena of interest, low noise, stable operation, durability, and
SO on.

Performance Expectations

Active noise and vibration controi systems can be powerful tools in the hands of
a knowledgeable noise control engineer. In many cases, significant reductions
noise and vibration can be achieved with active systems that cannot be achieved

using passive treatments with the same space and weight constraints. This s

especially true at low frequencies. Despite the power of the technology, there
are realistic limits on what reductions can be achieved. Figure 18.12 shows the
performance achieved by the prototype active system described in Section 18.7
under Active Machinery Isolation. We present it here because it reflects the
performance that is normally achievable 1n a properly designed active system. The
figure shows the reduction m force transmitted by an active vibration isolation

*Qutside of the frequency band where control is desired, the active system can amplify the disturbance

unless great care 1s exercised in implementng the system filters to frequencies well beyond the
frequency band for control.
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FIGURE 18.12 Typical performance of an active vibration control system.

mount. The system was a single-input, single-output (SISO) feedback control
system designed for suppression of both broadband and narrow-band vibration.
The narrow peaks m the figure with amplitudes of 15 to nearly 25 dB reflect
the reduction in tonal components of the force transmitted by the mount. These
values are what one would typically expect in tonal suppression from an active
system. In addition to the peaks there is broad hill beneath them that m the
frequency range of 10-100 Hz has an amplitude of from 6 to 10 dB. This too
is typical of what one might expect from a system designed to provide control
of broadband noise and vibration. Of course, there are many factors that go nto
determining the performance of an ANVC system, and there is no substitute for
careful analytical/empirical modeling helping to direct the design process, but
these values represent reasonable expectations for system performance when the
technology is properly implemented.

Examples of Prototype ANVC Systems

There have been a vast number of ANVC prototype systems implemented over
the past 50 years or so. Here we present a few examples of those systems to
give the reader a sense of how the technology has been applied, where it has
been most successful, and where additional technology and research is required.
For a more detailed look at the early development of the technology the reader
is referred to a number of review articles.~17

The first patents proposing the use of a sound to cancel unwanted sound n
the early 1930s proposed the type of system!®!? illustrated in Fig. 18.13. These
carly proposals focused on the control of sound in a duct and involved the use
of a reference microphone to sense the unwanted sound. In Fig. 18.13 the signal
from that microphone was then acted on by appropriate electronics to synthesize
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FIGURE 18,13 Schematic diagram of the active noise control concept for controlling
sound m ducts.

a signal to dnve a loudspeaker downstream from the microphone. The sound
wave from the loudspeaker then cancels the unwanted sound. The use of active
systems to control sound in ducts has received a great deal of attention over
the years. Swinbanks® provided an extensive theoretical foundation in the early
1970s focusing on various arrangements of control sources at two different axial
positions 1n a duct to minimize propagation of canceling sound back to the refer-
ence microphone. Other researchers”* examined more complex control source
configurations to deal with the control-source-to-reference coupling. Eventually
laboratory experiments were carried out using analog electronics to confirm the
predictions of the analysts® and to demonstrate. both narrow-band and broadband

control.?* Eriksson’s work in this areais*particularly noteworthy. >~ His the- .

oretical and experimental work eventually resulted in a commercially available
active.duct silencer utilizing digital electronics that was sold through Digisonix,*
a subsidiary of Nelscn Industries. The system configuration was very similar to
that shown in Fig. 18.13.

Another early concept {1950s) for active noise control is illustrated in.
Fig. 18.14. This idea was developed by Olsen and May® while at the Radio

— S
Microphone

ry ' Loudspeaker

Y

Amplifier

FIGURE 18.14 Olsen and May’s “elecironic sound absorber”.

*Nelson Industries is currently owned by the Cummins Engie Company and Digisonix is no longer
in business.
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Corporation of America. The concept utilizes a microphone placed close to
a loudspeaker in which the microphone detects the unwanted sound and the
speaker generates a canceling signal that creates a zone of silence around the
microphone. They assembled and successfully demonstrated their concept using
only analog components. This basic concept has been extended and utilized in
a number of applications, including control of automobile®*~** and awrcraft®> -
interior noise and noise-reducing headsets.3®~*! The example in Section 18.7
under Active Control of Awborne Noise in a High-Speed Patro} Craft describes
a system that uses this concept to reduce the noise in the berthing spaces of a
high-speed patrol craft. :

Figure 18.15 shows a schematic diagram of a notional active automotive inte-
rior noise control system. As shown, the system is designed to control noise
generated by the propagation of vibration from the vehicle’s suspension to the
passenger compartment where it is radiated as sound to the vehicle interior (road
noise) and engine noise. Feedforward active control architectures have usually
been used to attack this problem. A number of reference accelerometers are
placed on vehicle suspension components and in the engine compartment. Refer-
ence mucrophones might also be used. The reference signals are fed to a controller,
which generates signals to drive the control loudspeakers i the passenger com-
partment. Residual microphones are located in the passenger compartment near
the ears of the occupants so as to generate a zone of silence around the head
of each occupant. Because of the nature of the interior noise, the control system
must reduce both narrow-band and broadband noise. While the system concept 18
fairly simple, its successful implementation has proven difficult. First the number
of residual sensors needed to sample all of the suspension sources can be quite
large®? (10-20). This can lead to significant costs due to the high channel count.
In addition, the reductions achievable seem to be limited to about 6 dBA and
the zone of silence around the control microphones is usefully large only at low

| Controiler [

Engine
compariment
reference
sensors

Control Residual

speaker
| ﬂ<)]/ sensor S

Suspension
reterence
sensors

FIGURE 18.15 Schematic of an active automobile interior noise suppression system.
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frequency (up to 2 few hundred hertz), limiting the useful frequency range of the
system. Consequently, active systems providing broadband automobile interior
noise control are not presently commercially available.

Systems for the control of aircraft interior noise have generaily focused on
tonal noise, that is, the propeller blade passage frequency and its harmonics. A
schematic of a typical system is shown in Fig. 18.16. Experimental systems like
that shown have generally provided about 10 dB of tonal interior noise control
at the blade passage frequency and somewhat less at the higher harmonics. The
system m the figure is similar to the automotive mterior noise control system
except that the reference is now a tachometer from the aircraft engine. The

schematic shows control speakers as the actuators, but piezoelectric patches on 7

the fuselage panels and inertial shakers on the ribs and stringers have also been
tried, effectively tumming the fuselage into a loudspeaker. Systems suitable for
small propeller-driven business aircraft are presently commercially available from
Ultra Electronics.

A number of manufacturers now provide reasonably priced active noise can-
cellation headsets. Figure 18.17 shows one arrangement. The figure shows the
shell of one side of the headset in which there is a small speaker and colocated
microphone. The signal that the wearer wishes to hear drives the speaker, the
output of which 1s picked up by the microphone. The microphone also picks up
any noise that passes through the shell, The microphone signal is then fed back,
as shown in the block diagram in the figure. By increasing the gain of the filter,

Tachometer
Residual Y| Controller
microphong >
Control
loudspeaker

FIGURE 1816 Schematic of an active aircraft interior noise control system.
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FIGURE 18.17 Typical noise cancellation headset.

W, in the block diagram* (typically an analog filter in commercial products rather
than a digital one), the signal will pass through unchanged and the noise will
be attenuated. Of course, this gain cannot be increased without limt, since too
high a gain can result in instability and ringing. These devices produce notice-
able improvement (10-13 dB) in the passive performance of hearing protection
headsets above 100 Hz. The improvement gradually decreases with mcreasing
frequency until at ~1 kHz most of the improvement has gone away. In very
loud environments headsets can be limited in performance by the sound level the
small speaker can generate within the shell. )

Another area that has received considerable attention in recent years is the
active control of tonal noise from turbofan engines.**~>° Tonal noise from these
engines is caused primarily by the interaction between the fan blade wakes and
the stator vanes. The control systems for the most part have been feedforward sys-
temss utilizing a tachometer for a reference sensor. Since the fan and stator vanes
are located in the bypass duct, the systems need to take into account the com-
plex physics of the propagation of sound in ducts. The physics dictates that the
fan~stator interaction noise will propagate down the duct as, so-called, spinning
modes. These modes have a sinusoidal pressure variation n the circuraferential
directions that rotates as the mode propagates, hence the term spinning mode.
Only a selected number of these modes are excited by the fan—stator interaction
and a still smaller number propagate. Consequently, the control actuators must
also generate spinning modes in order to cancel the fan—stator interaction noise
without generating additional propagating modes in the duct. Figure 18.18 shows
a schematic drawing of one such active noise control system. This particular

*In the block diagram W also contans the frequency response between the speaker input and the
mucrophone oufput.
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FIGURE 18.18 Schematic of the active noise control system for controlling fan-stator
interaction noise.

system utilizes actuators in the stator vanes. Actuators have also been installed
in the walls of the duct. The system must be designed with a sufficient number of
actuators o ensure that the propagating modes to be controlled can be generated
by the array without aliasing into other modes that will propagate.

Each array is driven by a single signal passed through analog or digital elec-
tronics (spinning-mode generator) that properly phase shifts the actuators in each
array to produce a spinning mode of the desired circumferential order. Each
actuator in the array must be the same. If there are large variations in amplitude
and phase between actuators when driven by the same signal, then modes other
than the desired mode will be generated, resulting in noise generation rather than
suppression if the spurious modes propagate. The control sensors are typically
wall-mounted microphones arranged in circumferential arrays and each array is
steered (curcumferential array processor) to accept a spinning mode of the cir-
cumferential mode order that is to be controlled. In a laboratory setting, systems
of this type are capable of reducing the tonal noise from fan—stator interaction by
10-20 dB. In real high bypass turbofan engines, however, especially in modern-
day large engines, none of the actuators tested to date have sufficient control
authority to be able to overcome the disturbance. In addition, at the present time,
while the controller channel count can be fairly low, typically equal to the num-
ber of modes to be controlled, the number of actuators and sensors needed to
field a system can be quite large. It is very likely, however, .that if active noise
control is included early in the design process of an engine along with pas-
sive noise control treatments, the number of actuators and sensors needed could
be substantially reduced. If more powerful actuation systems become available,
commercially available active systems for the control of fan—stator interaction
noise in turbofan engines may become a reality.
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FIGURE 18.19 Notional activated vibration 1solation mount.

In the 1950s Olsen®! was the first to suggest extending active control to
the control of machinery vibration. Since that time numerous studies have been
carried out into the activation of vibration isolation mounts.’?-% Figure 18.19
shows a schematic drawing of a notional active vibration isolation system. In this
case, we envision a set of mounts supporting a vibrating machine on the deck of
a ship. In the figure only one mount'is shown activated. In actuality all (possibly
10 or 12 mounts) would be. It is desired to reduce the vibration excitation of
the deck while maintaining the position of the machine, which is in a confined
space, so that it does not strike any of the ship structure smrrounding 1t during
ship maneuvers. These two requirements are conflicting. Good vibration isolation
performance requires a mount that is as compliant as possible while good position
keeping requires a stiff mount. Two approaches can be taken to the activation of
the mount. We can employ a mount that is stiff enough to ensure good position
keeping and use an active system to increase the compliance of the mount at
higher frequency where good vibration 1solation performance is desired. We will
refer to this type of system as the active isolation system. Another approach is to
use a very compliant mount that provides the desired vibration isolation perfor-
mance at high frequency and use the active system to provide position keeping at
low frequency. We will refer to this system as the position-keeping system. For
either concept to work the frequencies associated with ship maneuvers should be
much lower than the frequencies where vibration isolation performance is desired.
The notional system that we have shown in Fig. 18.19 incorporates air mounts.
Since air mounts tend to be very compliant, they would be most appropriate
for the position-keeping approach. The system would require 10—12 mounts to
conveniently control all six rigid-body degrees of freedom. Each mount incorpo-
rates sensors for measuring relative displacement between the machine and the
deck and for measuring the acceleration on the deck and the machine. These
sensors would be used m the controller to generate a frequency-dependent linear
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combination of relative displacement, velocity, and acceleration at each mount.
Those mputs would then be used by the controller in a feedback architecture to
drive the control valves, which can inject high-pressure air into or vent it from
the air mounts. Since the frequencies associated with ship maneuvers tend to be
lie below 1 Hz, the machine would most likely act as a ngid body, significantly
sumplifying the system transfer functions and making the controller simpler as
well. This approach does have some disadvantages. For example, 1t would require
about 1012 air mounts to convemiently implement it. In addition, all mounts
must be coupled in the controller, making it a multiple-input, multiple-output
(MIMO) system. On the other hand, there would only need to be six independent
chanpels in the controller to control the six rigid-body degrees of freedom of
the machine. Multi-degree-of-freedom systems of this type and of even greater
complexity have been implemented in research programs, but none are commer-
cially available. However, there remains considerable interest 1 active isolation
systems and position-keeping systems for both military and civilian applications.

The above examples of types of ANVC systems represent only a taste of the
many noise cancellation problems that have been addressed using the technology.
In Section 18.7 we present three detailed examples of ANVC systems to provide
the reader with a more in-depth look at the development, implementation, and
performance of real prototype systems.

18.3 DIGITAL FILTERS !

Advantages of Digital Filters

Active noise and vibration controllers are basically filters. The mputs are sensor
signals and the outputs are the drive signals to the actuator electronics, which
impart desired control forces to the physical system being controlled. For some
ANVC applications, implementing these filters using analog electronics is an
efficient and cost-effective approach. In particular, analog controllers shouid be
considered for applications where the required magnitude and phase responses
of the filters are a relatively simple function of frequency and when these fil-
ters are not required to change over time. An example of an application where
analog controllers have been used effectively is active headsets. However, when
the required magnitude and phase responses vary significantly as a function of
frequency and the characteristics of these filters are required to change over time
to maintain a desired level of performance, digital controllers are often the best
choice. The filters implemented within these digital controllers are referred to as
digital filters.

Digital controllers offer many advantages over analog controllers. As discussed
by Nelson and Elliott,*® these advantages include the following:

Flexibility. Digital controllers mmplement digital filters by running programs
written to operate on digital signal processor (DSP) chips. The codes to
implement these filters can be written to allow for these filters to change
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their characteristics over ftime (i.e., adapt). Further, these codes can be
written to accommodate increases in the number of mput and output chan-
nels. Additionally, the complexity of the digital filters can be increased or
decreased by modifying the codes runming on the DSPs.

Accuracy. Many DSPs support floating-point computations running in either
single- or double-precision arithmetic. Although greater accuracy in the cal-
culations can be achieved using double precision, this increased precision
is seldom required and comes at the cost of increased memory require-
ments. The accuracy of single-precision controllers has been demonstrated
for a wide variety of ANVC applications, mcluding those with large num-
bers of input and output signals and digital filters requiring very complex
magnitude and phase responses as a function of frequency.

Adaptability. Applications of ANVC often require the controller to alter filter-
ing characteristics over time to maintaln a desired level of performance.
Controllers that satisfy this requirement are said to be “adaptive.” An
example of an adaptive controller is ANVC applied to sysiems whose
dynamics (as a function of frequency) change over time. Digital controllers
implemented using DSPs can be designed to adapt to these changes.

Cost. The cost of DSPs has continued to drop over the past 15 years. At
the same’ time, the computational and memory capabilities of these chips
have continued to increase. Currently available DSPs deliver up to 1 x 10°
floating-point operations per second (1 gigaflop, abbreviated Gflop) and
are equipped with up to 256 Mbytes of local, fast-access memory. In addi-
tion, the architecture of these chips has expanded to allow communications
between DSPs to support efficient implementation of digital controllers
employing multiple DSPs for large-scale applications. Both fixed- and
floating-point DSPs are available. Fixed-point processors are cheaper than
floating-point processors but are generally more difficult to program, result-
mg in increased software development costs.

In the following section the concepts of digital sampling and filtering are
discussed. Subsequent sections use these concepts to summarize optimal digital
and adaptive digital filter designs.

Description of Digital Filters

There are many good texts covering the concepts of digital sequences, sampling,
and filtering 3> For purposes here, we summarize these concepts following
the developments of Nelson and Elliott®® and Oppenheim and Schafer.’’ The
interested reader should look to these references for more detailed discussions.
The input to a digital controller is typically an analog signal from a sensor
that passes through an analog-to-digital (A/D) converter. The purpose of the A/D
converter 1s to sample the mput signal at regular time intervals (Af) to produce
a sequence of numbers corresponding to the amplitude of the input signal at
each sample time. A schematic of the operation of an A/D converter is shown in
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FIGURE 18.20 Digutal sampling of an analog signal.

Fig. 18.20. The output of the A/D converter can be related to the continuous-time
input signal through the following relationship:

fy= Y f@sG—i a18.n

1=—00

where 8(n — i) is called the Kronecker delta function, or umt-sample sequence,
and 1s defined as

N 1 a=i
Stn—i) = {0 i (18.2)
The sampled signal in Eq. (18.1) is only defined for integer values of #. That is,
f(n) is only defined for n = 0,1, :£2, ... . An example of a continuous-time

signal and the corresponding sampled signal f(x) is shown in the lower portion
of Fig. 18.20. The sample index n can be related to a discrete time by #, = n Ar,
where Ar is the fixed time interval between samples.

A digital system (e.g., digital filter) operates on a sequence of numbers to pro-
duce an output sequence. This 1s shown schematically in Fig. 18.21. The impulse
response w{n) of the digital system W is defined as the output corresponding to
a unit-sample input {ie., §(n —1i), i = 0:

win) = W{d(n)} (18.3)
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FIGURE 18.21 Digita] filter operating on input f(n) to produce an output g{»n).

where w{i} = 0 for { < 0 ensures that the output of the filter does not occur
before the input sequence is applied. Filters that obey this constraint are referred
to as causal filters. .
The filter operation implied by the block diagram of Fig. 18.21 can be express-
ed mathematically as
Il :
gy =Y w@i f(n—1) (18.4)

=0

where the impulse response of the digital filter w(i) in Eq. (18.4) 1s assumed to be
a sequence of numbers of length 7. It is common to refer to these numbers as the
coefficients, taps, or weights of the digital filter. For example, w(i) is called the
ith coefficient of the digital filter w. Using this nomenclature, Eq. (18.4) states
that the output of the digital filter w at time step n is equal to the summation
over i of the 1th coefficient of w times the input at time step n — i. In vector
notation, this operation is equivalent to the inner product of a row vector and a
column vector such that

g(n) =L mw (18.5)
where ()T represents the vector transpose operator and w and f(n) are defined as

wh = [w(0), w(l), w2, .., wl -1

(18.6)

i) =), fn—1);.... flr— T+ 1)]
An example of this filtering process is shown schematically in Figs. 18.22
and 18.23. Figure 18.22 shows the input time sequence f(#) and the impulse
response of the digital filter w(Z). Figure 18.23 depicts the filtering of Eq. (18.4)
at three increments in time during the filtering operation. The upper three charts
plot the input sequence f (s — i) for n = 0.4, 9. The middle three charts plot the
impulse response of the digital filter w. The lower three charts plot the output
g(n) at time step n = 0,4, 9. As shown in these figures, the output of the filter
is obtained by computing the summation of the time-reversed input signal as it
slides past the impulse response of the filter.

The digital filter of Eq. (18.4) depends only on current and past values of
the input sequence and is limited in length to I coefficients. These types of
digital filters are referred to as finite impulse response (FIR) filters because their
impulse response 1s zero after a finite number of taps or coefficients. These filters
are also known as “tapped-delay line,” “moving-average” (MA), “nonrecursive,”
“all zero,” or “transversal” filters.
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FIGURE 18.22 Example input sequence and impulse response.

A more general class of filters is defined as

I-1 K
g =) af(r—i+Y bign—k (18.7)
fe=) k==

In addition to depending on current and past values of the mputs, the current
output of the digital filter represented by Eq. (18.7) depends on past values of the
output. Digital filters of this type are referred to as infinite unpulse response (TIR)
filters because, i general, the impulse response of these filters never decays to
zero. These filters are also known as “recursive,” “pole-zero,” or “autoregressive
moving average” (ARMA) filters. The general form of Eq. (18.7) reduces to a
FIR filter when by = 0 for all k.

Implementations of FIR and IR filters can be represented schematically if we
define a delay operator z™¢ such that

fln—k) =" {f(m)} (18.8)

Using the property of the delay operator in Eq. (18.8) and the general filter repre-
sentation in Eq. (18.7), a FIR filter can be implemented as shown in Fig, 18.24, A
corresponding implementation for an IR filter is shown in Fig. 18.25. A desired
filter response can be approximated digitally using either the FIR or TR fil-
ter structares discussed above. The choice between these two involves certain
trade-offs, including the following:
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FIGURE 18.24 Implementation of a FIR filter using current and delayed values of the
mput.
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FIGURE 18.25 Implementation of an JIR filter using current mput and delayed values
-of the inputs and outputs.

s FIR filters are guaranteed to be stable provided the coefficients are finite:
Bounded inputs produce bounded outputs.

e IR filters can be unstable even when all coefficients are finite: Bounded
inputs can produce unbounded outputs.

« TIR filters may require fewer coefficients than FIR filters to approximate the
frequency response necessary to provide active nosse and vibration control:
Typical transfer functions associated with structural acoustics include both
poles and zeros, as do IIR filters, whereas FIR filters have only zeros.

o Design procedures to solve for FIR filter coefficients are generally numeri-
cally better behaved than those to solve for IIR filter coefficients.
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Although there are advantages and disadvantages to both approaches, the vast
majority of ANVC applications rely on the numerically stable design procedures
and guaranteed stability associated with FIR filters and consequently implement

the digital filters within ANVC controllers as FIR filters or composites of FIR
filters.

Optimal Digital Filter Design

Having described the concept of digital filtering in the previous section, we focus
in this section on design procedures to solve for the optimal coefficients of a dig-
ital filter for a particular class of problems. The class of problems considered
1s illustrated in Fig. 18.26. This problem is referred to as the electrical noise
cancellation problem and 1s discussed in detail in references™™® 29 39 Thig g
an important class of problems because it introduces the concept of minimuzing a
mean-square error metric and because it has strong parallels to problems encoun-
tered 1n ANVC applications; the main difference is that ANVC applications will
have a nonunity transfer function relating the output of the control filter to the
error signal response. ‘ ,

As shown in Fig. 18.26, the input signal f(n), which is also referred to as
the reference signal, is filtered by the FIR filter w to produce an output sequence
y{n). The desired signal, d (n}, is contaminated by noise correlated with the mput
signal but presumably uncorrelated with the desired signal. The resulting signal
plus noise s shown 1n the figure as d(n). The correlation of the noise and the
input signal 1s indicated by the unknown physical impulse response function A;.
The objective for this problem is to solve for the coefficienits of the FIR filter
that will take the input sequence f(n) and generate the output sequence y(n) that
will remove the unwanted noise from the signal d(n). In other words, we seek
to design the optimal FIR filter to remove the part of d(n) that is correlated with
the input signal f(n). If successful, the error signal e(n) will be uncorrelated
with the mput signal when the filter 1s m place.

Physical system

impulse response Desired signal

dtn)
h Noise correlated
g ! with input signal
Desired signal
plus noise
d(n)
) yin) -
w; - e(n} -»
Output signal - )
Input signal Error signal
FIR filter

FIGURE 18.26 Electrical nose cancellation problem.
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Following the developments in references 56 and 58 the errvor signal can be
expressed in terms of the desived signal plus noise, the input signal, and the FIR
filter coefficients:

I
e(n) = dn) — Zw(i)f(f? — 1)

1=0
=dn) — wi®n) =d@n) — L (m)w (18.9)

where the lower equation has been used to express this relationship using vector
ner products and f(n) is defined in Eq. (18.6).

An expression for the mean-square error can be obtained by expanding terms
m Eq. (18.9) and taking the expected value:

E{*(n)} = E{d*(n)} — 2w  E{f(n)d(n)} + wX E{E(m)fT (n)}w (18.10)

Equation (18.10) is a key result because it reveals that the mean-square error
is a quadratic function of the weights of the FIR filter. The quadratic func-
tion will have a global minimum provided that the matrix E{f(n)f*(n)} in the
third term is positive definite,’>>8~% which means that all of its eigenvalues

are greater than zero. Assuming this requirement is met, if one were to plot .

the mean-square error as a function of-any two of the coefficients of the FIR
filters, the “error surface” would be a bowl, as shown m Fig. 1827. As a
conseguence, the FIR filter coefficients that correspond to the minimum mean-
square error can be determined by differentiating Eq. (18.10) with respect to
each coefficient of the FIR filter and setting the resulting set of equations equal
to zero. «

This process of differentiating and equating the results to zero will produce
a set of linear equations in terms of the unknown coefficients of the FIR filter.
This matrix equation can be expressed as

[Alw=D) (18.11)

E{e*(m}

Wy

Wy

FIGURE 18.27 Error swface for a quadratic function mn terms of coefficients wy
and wy.
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where [A] 1s the input correlation matrix defined as

Rer(0) Rep(D)y -+ Rpyp(I -1
[A] = Rf{(l) For© 4 (18.12)
Ryp(T = 1) RO
where
Rpp(m) = E{f(n)f(n —m)} = E{f () f(n +m)} (18.13)

The vector b in Eq. (18.11) corresponds to the lag values of the cross correlation
between the reference sequence and the desired sequence given by

b=[Rp (@ Rsp() - - RpgU-DT (18.14)

where
Rya(m) = E{f(n)d(n +m)} = E{f (n — m)d(n)} (18.15)

With the above definitions for [A] and b, the coefficients of the optumal FIR
filter can be expressed in terms of auto- and cross-correlation functions of the
mput and the desired signals. Provided that the input correlation matrix [A] is
invertible, the optimal coefficients are given by

Wop = [A]7'D . (18.16)

where [A]™! is the mverse of the matrix [A]. As discussed by Widrow and
Stearns®® and Elliott,*® the solution of Eq. (18.16) is called the Wiener filter. It
can be shown that using this filter will cause the cross correlation between the
error signal and input signal to be zero over the length of the filter (7 — 1). For
the problem posed in Fig. 18.26, this implies that the Wiener filter will remove
any portion of the signal, d(n), that is correlated with the input signal f{n).
The residual mean-square error can be determined by substituting Eq. (18.16)
mto Eq. (18.10):
E{® () }mn = E{d*(n)} — b [A]™'D (18.17)

Solving for wyy, in Eq. (18.16), however, requires computing the mverse of the
input correlation matrix [A], which can be computationally expensive and may
be numerically ill-conditioned (i.e., singular). As a consequence, procedures have
been developed to search for the minimum of Eqg. (18.10) using iterative tech-
niques. One of the most computationally efficient iterative techniques, the least
mean-square (LMS) algorithm, is introduced in the next section.

Adaptive Digital Filter Design

Gradient Descent Algorithms. As discussed in the previous section, the
mean-square error is a quadratic function in terms of the optimal weights of
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the FIR filter. As such, gradient descent algorithms are guaranteed o converge
to the global minimum, provided [A] is positive definite and the algorithm is
itself stable.

The basic concept of a gradient descent algorithm is to estimate the gradient
(i.e., derivative) of the mean-square error with respect to the FIR filter coefficients
and update the filter coefficients by moving in the direction of the negative of the
local gradient. There are many different algorithms that can be used to adaptively
determune the filter coefficients corresponding to the global minimum. These algo-
nthms include Newton-based algorithms, steepest-descent algorithms, and the
LMS algorithm, which was introduced by Widrow and Stearns.®® These algo-
rithms typically trade off convergence speed versus numerical stability (for JIR
filters) and computational complexity. Details of these algorithms can be found
in texts written by Widrow and Stearns® and Elliott.® While sometimes having
performance advantages over FIR filters, IR filters can encounter numerical sta-
bility problerns during design and can converge to nonglobal minima, resuliing
in less than optimal performance. On the other hand, the LMS algorithm dis-
cussed in the next section (for FIR filter design) approximates the gradient term,
thus significantly reducing the required number of computations while ensuring
convergence to the optimal coefficient vector.

LMS Algorithm. Widrow and Stearns® developed an elegant algorithm that
greatly simplifies the computational complexity yet still converges to the optimal
coefficient vector (i.e., Wiener filter). This algorithm estimates the gradient term
using the instantaneous value of the error, as opposed to performing a matrix
inversion or estimating expected values as required by Newton’s algorsthm and
steepest-descent algorithm, respectively. As a consequence, the gradient term is
approximated as [see Fq. (18.10)]

AE(EMY
ow

Using this expression for the gradient, the update equation of the filter coefficients
using the LMS algorithm is given by

2 aktmem) (18.18)
ow

win + 1) = wk) + 2uf(ne(n) (18.19)

where £ is a constant known as the adaptation coefficient, which characterizes
the speed of convergence of the algorithm. This equation states that the vector
of filter coefficients at time step n -+ 1 can be determined from the vector of
coefficients at time step n plus a correction term in the direction of the negative
of the gradient of the error surface as estimated by Eq. (18.18).

Widrow and others have shown that this algorithm will converge to the optimal
solution and is guaranteed to be stable provided that the value of the convergence
parameter satisfies the relationship
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The denominator of the night-hand term is an approximation to the trace of the
nput correlation matrix, where m is the number of FIR filter coefficients and f2
1s equal to the mean-square value of f(n).

Another 1mportant parameter associated with the LMS algorithm is termed the
misadjustment, which is the ratio of the excess mean-square error to the mmimum
mean-square error. Essentially, this is a measure of how close the algorithm
will converge toward the bottom of the quadratic performance surface (see, e.g.,
Fig. 18.27) for a particular value of 4. It can be shown that the misadjustment
is equal to the convergence parameter times the trace of the input correlation
matrix for the LMS algorithm.® If we invoke the same approximation to this
trace as in Eq. (18.20), we obtain an expression for the convergence parameter
in terms of the misadjustment and mean-square value of the input sequence:

p

—— 18.21
o (18.21)

Homax =

where p is the misadjustment factor. This final expression provides a useful proce-
dure for selecting the convergence parametér. In fact, it 1s often useful to specify
the desired musadjustment {e.g., p = 0.01) and let the adaptation coefficient be
calculated from Eq. (18.21). In this way, the resulting adaptation coefficient will
be normalized by the power of the reference signal. When the adaptation coeffi-
cient is adjusted to be inversely proportional to the power of the input signal, the
algorithm is referred to as the normalized LMS algorithm. In practice, the value
of the convergence coefficient obtained 1 this way serves as a starting point and
manual adjustment is often necessary to obtain the desired performance.

To preserve clarity, we have presented the LMS algorithm assuming a SISO
error signal. However, the algonithm is easily extendable to the MIMO case.
Details for the MIMO implementation can be found in Widrow and Stearns,’®
Nelson and Elliott,'® and Elliott.’

Because of its computational simplicity and good convergence properties, the
LMS algorithm has been used extensively in a variety of applications (e.g., in-
wire cancellation, system identification) and is the basis for the filtered-x LMS
algorithm that is most often used in ANVC applications. In fact, the LMS algo-
rithm is typically used to estimate the impulse response between the filter output
and the error signal (i.e., plant), which 1s needed for the implementation of the
filtered-x LMS algorithm. Details and examples of the filtered-x LMS algorithm
are covered in the next section.

18.4 FEEDFORWARD CONTROL SYSTEMS

Basic Architecture

The basic architecture of a feedforward active control system is shown in
Fig. 18.28. The figure shows a disturbance J exciting a system which is to be
controlled. A transfer function T relates the disturbance to the system output o.
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FIGURE 18.28 Basic feedforward architecture without adaptation.

A reference signal r correlated with the disturbance is used by the controller to :

generate a signal that drives a control actuator to excite the system and reduce
the system response to the disturbance. The transfer function R is shown simply
to indicate that the disturbance and the reference are correlated. The transfer
function P, referred to as the plant, relate§ the controller output to the system
output. The block diagram shows that the actuator, when driven by the controller
output, is coupled not only to the system output but also to the reference through
the transfer function C. The feedback to the reference signal is not desirable and
the controller contains a filter C the transfer function of which is a copy of the
coupling transfer function between the control actuator and the reference sensor.
The purpose of this neutralization filter is to cancel or neutralize the coupling
between actuator and reference signal. In addition to C , the controller contains a
second filter, W, the purpose of which 1s to take the reference signal and generate
a signal to drive the actnator to reduce the system output o. If the neutralization
filter performs properly, the coupling to the reference is removed and the block
diagram simplifies to that shown in Fig. 18.29. Note that an alternate approach
has been pioneered by FEriksson and his colleagues in which the designs of W
and C are combined in a slightly different architecture from that shown here.
The interested reader is referred to references 25 and 61-63.

To see what the block diagram in Fig. 18.28 means physically, consider the
duct problem described in Section 18.2. Figure 18.30 show a schematic of the
duct with a reference microphone, controller, and control speaker. The distur-
bance, a sound wave of amplitude d, can be seen to the left propagating down
the duct toward the control speaker. The transfer function T relates the dis-
turbance pressure to the uncontrolled pressure, o, downstream of the speaker
location in the duct. The reference microphone senses the disturbance pressure
and sends a reference signal r to the controller. The control filter W operates
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FIGURE 18.29 Simplified feedforward architecture with cotpling to reference removed.
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FIGURE 18.30 Feedforward architecture applied to the control of noise in a duct.

on the reference and sends the resulting signal to the power amplifier, which
In turn drives the speaker. The transfer function relating the controller output
signal to the pressure in the duct at the speaker is the plant transfer function P.
The pressure generated by the speaker interacts with the disturbance propagating
down the duct, reducing the amplitude and producing the residual sound wave
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of amplitude e. In an adaptive system there would be a microphone 1 the duct
downstream of the control speaker to sense this residual. As we shall see later,
this residual, or error, signal and the reference signal can then be used in the
controller electronics to update, or adapt, the coefficients of the conirol filter. In
addition to generating a sound wave that interferes with the sound propagating
down the duct, the speaker also generates a sound wave which travels upstream
to the reference microphone, contaminating the reference signal. The filter C 1s
a copy of the transfer function relating the controller output to the pressure at
the reference microphone. It electronically removes the contamination from the
control speaker in the reference microphone before it reaches the control filter W.

The architectare in Figs. 18.28 and 18.29 has been discussed as if there were
only one reference signal and one residual. Tn fact, the controller need not be
restricted to the SISO case. There commonly are cases with multiple references
and multiple residuals. In fact, for feedforward systems the procedures for esti-
mating the optimum control filler W for the MIMO case as well as the SISO
case are well in hand. In addition the block diagrams in Figs. 18.28 and 18.20

are completely general and apply equally to SISO or MIMO systems. The only

difference is that the blocks, which for SISO systems are transfer functions, for
MIMO systems become transfer function matrices.

Optimal Controli Filter Estimation

Tonal Disturbances. We will first consider the case of narrow-band, or tonal,
disturbances. To do so, we will first modify the block diagram of Fig. 18.29
by showing a functional connection between the reference and the disturbance
indicated by the transfer function B, as shown in Fig. 18.31. Mathematically thus
is equivalent to setting T =1 and B = R~ A simple equation can be written
for the residual e in terms of the controller transfer function in Fig. 18.31:

elw) = d(w) — P{@)W (w)r{w) {18.22)
Transfer
function Uncontrolfed ;
Reference B disturbance J: N Residual .
r d ,\2{ /; Y »
Control filter Plant
. W Controller sy P

output
c

FIGURE 18.31 Simplified feedforward block diagram.
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where o is the frequency of the disturbance, the other variables are defined in
Fig. 18.31, and all of the variables are scalars. We can use this equation to express
the autospectrum of the residual as S..(w) = E{e(w)e*(w)}, where E {-} means
the expected value. Substituting Eq. (18.22) mto this equation, we obtain

See(@) = Spa(@) — Plw) W (w)Sra(w)
— P*(0) W(w)*Sar (@) + | PH@)| S ()| W ()2 (18.23)

where (-)* means complex conjugate, Sy, is the autospectrum of the disturbance,
S,» is the autospectrum of the reference, S, = E{dr*} is the cross-spectra of
the distarbance and the reference, and S, = E{rd*} is the complex conjugate of
that cross-spectrum. If we take the derivative of Eq. (18.23) with respect to W
and equate 1t to zero and solve for W{w), we obtain

W(w) = {| P@)|S (@) P*@)S,a(w) = P~ () P—‘d(‘”) } — P (@)B()

Srriw)

(18.24)
where we have taken advantage of the fact that {$,;(w)/S,r (@)} 18 an estimate
of the transfer function between the disturbance and the reference. In Hq. (18.24)
W is the optimum control filter. Tt consists of the mverse of the plant times an
estimate of the transfer function between the reference and the disturbance. Such
a form for the control filter makes a lot of sense, because W is attempting to take
the reference signal r and turn it into the disturbance d. To do so, the filter must
first remove the influence of the plant transfer function, which 1s the purpose
of the plant inverse. It then must include an estimate of the transfer function
between the reference and the disturbance, which 1s the purpose of the term in
brackets,

If we substitute Eg. (18.24) into Eq. (18.23), we can obtain an estimate of the
spectrum of the residual when this control filter is used:

|Sra () ?

See(®) = Sqa{0w) — W

(18.25)

This equation shows that for perfect correlation between the reference and dis-
tarbance (d = yr), where v 1s constant, the spectrum of the residual goes to
Zer0.

Note that this approach does not guarantee that the control filter will be causal.
As discussed in Section 18.3, a causal filter 15 one whose mmpulse response is
zero for ¢t < (. Causal filters can be formulated as FIR or stable IIR digital
filters. Noncausal filters cannot. Consequently, a digital representation of a non-
causal filter cannot be found for use in a control system. The filter 1s sumply not
realizable,

In some cases using the above control filter can result in excessive demands
on the actuators, m which case it is useful to be able to limit the output of
the control filter. Control effort weighting is one means of reducing the actuator
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effort. It can be included m the design equations for the filter by adding a term to
Eq. (18.23), the equation for the residual. The term that is added is the weighted
output of the controller given by

A (@) W (@)*1$,, (@) (18.26)

where o is a real positive scalar that rmight be a function of frequency. By select-
ing increasing values of o, the minimization of the residual can be adjusted. If
&? is very small, the control filter will be designed as if there were no control
effort weighting. If o is large, the control effort will be reduced, and the per-
formance of the control system will also be reduced. Including Eq. (18.26) in
Eq. (18.23) results in a control filter given by - -

W () = {[|PX(o)| + &*(@)]S,- (@)} P* (@) S,a(@) (18.27)

and the residual 1s given by

2 2 2
Suu(@) = Saale) _{ | P~ ()] } {2 | P* (@) } |Sra (@)

| P2(w)| 4 o (w) [PHw)| +aX(@) ) Spriw)

(18.28)
It is clear from this equation that as «® approaches zero the residual becomes the
same as Bq. (18.25) with no control effort weighting. However, as o? becomes
large, S,, —» Suz and the control perfortiiafce is reduced. Similarly the spectrum
of the controller output ¢ (see Fig. 18.31) 18 given by

1P ()| |Sra(w)?
{IP2(@)| + o (@) Sp(w)

Sec(@) = 1W(@)[S,, (@) =

This equation shows that as ? increases the spectrum of the controller output will
decrease, reducing the drive to the actuators. As a result increasing the control
effort weighting will decrease the actuator drive at the cost of increasing the
residual.

Broadband Disturbances. For a pure-tone disturbance, Egs. (18.24) and
(18.27) provide the proper control filter representation (amplitude and phase) at
the frequency of the disturbance. For a broadband disturbance, if the broadband
filter defined by these equations is noncausal, as it often 18, then, a different
approach that includes a constraint on causality needs to be employed to
determine the optimum causal filter. We can ensure that the control filter is
causal by inserting the form of a causal filter mnto Eq. (18.23) and carrying out
the same optimization procedure. Because it results in a set of linear eguations,
we will use the form of an FIR digital filter given by

N1
W(w) = Z W,elendt (18.29)
()
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where N is the number of taps in the filter, W, is the real amplitude associated
with each tap, and Ar is the sampling pertod (1/sampling rate). Before substitnting
Eq. (18.29) into (18.23) we need to modify Eq. (18.23) slightly. Since we are
now concerned with a broadband disturbance, we need to Integrate the resicdual
spectrum over the frequency range where control is desired. Following the same

procedure as for Eq. (18.23), we obtain for the optimum control filter the matrix
equation

Wo [ G Ca o Gy T 4
Wi Cy Co - Con Ay
) = 7 f V (18.30)
Wn_1 Cy-1 Cya - G A&—l
where
k-1
A, =Re { Z P(k}S,d(fc)e“”"@”/K)}
k=0
K—1
Cipmy = Re {Z {IP2)] + &® ()] S, (keI pmmka/K) } (18.31)
i =D
and p=20,1...., N—landm=01,..., N—1.In writing this equation, we

have substituted a discrete sum for the 1nt§grals. The knowledgeable reader will
recognize that Eq. (18.31) is in the form of the discrete Fourier transform (OFD),
allowing for the efficient use of the fast Fourier transform algorithm in the evai-

uation of the vector and matrix elements in Eq. (18.30). In the equations K is
the number of elements in the DFT.

Example. To illustrate these ideas, we will compute the noncausal and causal
control filters for a simple example. We will use the following parameters:

Sag =1 S =1

4
Sy == e o7 [w“ciB:ﬁW } (18.32)
wj

—? + o + w} (18.33)

L

n=0.1 fswt%:TW:f%{)Hz

Sampling rate = 200 Hz Filter length = 100 taps




758 ACTIVE CONTROL OF NOISE AND VIBRATION

In this case the autocorrelations of the disturbance and reference are taken as
unity. The cross-spectral density S,, shows a delay-of T = 0.02 s and includes
a transfer function (in brackets) that decreases with increasing frequency. The
plant P is a simple second-order system with a natural frequency of 25 Hz and
a loss factor of 0.1. For the causal control filter estimation procedure we will use
the indicated sampling rate and filter length.

Figure 18.32 compares the frequency responses of the control filters estunated
using the noncausal and causal estimation procedures. The two estimation pro-
cedures give different filters but not markedly so. The difference is slightly more
evident in Figs. 18.33¢ and 18335, where the impulse response of the control
filter estimated using the noncausal approach and the filter tap coefficients of.
the filter from the causal procedure are compared. Bear in mind that if we plot
the filter tap coefficients separated by the sampling period (0.005 s at 200 Hz
sampling rate), we will obtain a graph corresponding to the impulse response
of the filter. The two figures are similar except that in the noncausal impulse
response there is a small increase near the end of the time interval. Because of
the periodicity of the impulse response of the filter obtained using the DFT, the
mcrease at the end of the time interval actually mdicates that the filter is respond-
ing before ¢ = 0 and consequently that the filter is noncausal. The effect in this

Control filter

Amplitude, dB
L
<o

|~ Noncausal | ..
-~=Causal |

Phass, degree

: R
10 Frequency, Hz 102

FIGURE 18.32 Control filter frequency response using the noncausal and causal esti-
matton procedures.
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FIGURE 18.33 Comparison of the impulse response of (a) the noncausal control filter
and (&) the tap coefficients of the causal filter. -

Instance is small; however, in later examples where we bring more realism into
the calculation by including anti-aliasing filters and other practical considerations
we will see much larger noncansal effects. Note that the tap coefficients of the
filter estimated using the causal procedure show no such increase and the higher
tap coefficients decrease to zero.

The performance of this system using the causal control filter is shown in
Fig. 18.34. The figure shows the ratio of the spectrum of the controlled residual
to the spectrum of the uncontrolled residual {S,, (@)/Saa{w)} as a function of

Causal performance

Ratio,dB
]
Ny
<

102
Frequency, Hz

lI;IGURE 18.34 Ratio of the residual to the disturbance using the control filter in
ig. 18.32.
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frequency out to the Nyquist frequency. Note that the performance of the non-
cansal filter (not shown in the graph) would be predicted to be perfect, that is,
‘the residual would be zero for all frequencies.

The performance shown in the Fig. 18.34 is unrealistically large for a broad-
band active control system. This is a consequence of the fact that, at this stage,
we have neglected to include other elements in the analysis that would add
more realism to the estimate, such as system delays, anti-aliasing filters, sensor
noise, and so on. In addition the figure only shows system performance up to
the Nyquist frequency (one-half the sampling frequency). As we shall see in a
later section, the digital control filter is periodic in frequency with a period equal
to the sampling frequency. Consequently, the performance above the Nyquist
frequency may also need to be confrolled, especially if there is significant energy
in the distarbance at those frequencies. We will see how this 1s done in a later
section.

Adaptive Control

In the previous section we discussed the design of a control filter to reduce
optimally a chosen residual in a least-squares sense. In that derivation the system
to be controlled was assumed to be fixed. In reality the transfer functions defining
dynamic systems often change with time. This means that those transfer functions
must be measured periodically and the new results used to update the control
filter coefficients. We will discuss this pfocess of system identification in the
next section. Here we examine an adaptive control algorithm based on the LMS
algorithm that continuously updates the control filter coefficients in order to
minimize the chosen residnal sensor signals. The filtered-x algorithm, as it has
come to be called, updates the control filter coefficients at each time step.

The filtered-x LMS algorithm, a modification of the LMS algorithm™ com-
monly used for cancellation of electronic noise, was first proposed by Morgan.5
If used unmodified in an active cancellation system, the LMS algorithm can lead
to instabilities because the signal from the controller must pass through the plant
dynamics where it will experience amplitude changes and phase shifts. The solu-
tion to this problem proposed by Morgan was also proposed independently by
Widrow et al.%° and Burgess.% Morgan’s solution, which has come to be called
the filtered-x LMS algorithin, is used extensively today and has been generalized
to MIMO systems by Elliott and Nelson.5

Figure 18.35a4 shows a block diagram of a sumplified feedforward control
system, If we change the order of the plant and control filter in the block diagram,
the response will be unchanged as long as the system is linear. The resulting block
diagram is shown Fig. 18.3554. The result is a new reference signal u that is the
original reference signal filtered by the plant transfer function P. The residual of
this new system can be written as

Ny—1
e(n) =dm) — Y wkju@—k) = d(n) —w'u

=0}

(18.34)
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FIGURE 1835 Feedforward block diagram with and without adaptation showing the
progression to the LMS filtered-x algorithm: () original diagram; (b) changing the order
of plant and control filter; (¢) LMS algorithm; (d) filtered-x algorithm.

0

ke

wheye e(n) 1s the nth element of a time sequence ¢, d(n) 1s similarly defined,
w is the transpose of a vector, the N,, elements of which are the control filter

tap coefficients, and u 1s a column vector of the last N, samples in the filtered
reference, which 1s given by

Np—1

um =Y perin—m)

m=0

(18.35)

where p is the impulse response of the system estimate of the plant filter P and r
is the reference signal time sequence. The block diagram showing the adaptation
process is shown in Fig. 18.35¢, and a slight rearrangement of the blocks in the
block diagram in Fig. 18.354 results in the specialized LMS algorithm called the
filtered-x LMS algorithm. .

Unlike the direct-estimation approach in the previous section in which the
filter coefficients are estimated 1n a single calculation, the filtered-x algorithm
uses an iterative approach which updates the estimate at each time step. The
update equation for the control filter is derived similarly to that for the LMS
algonthm (see Adaptive Digital Filter Design in Section 18.3). The resulting
equation to estimate the coefficients of w 1s.typically written as

win+ 1) = win) + 2ue(n)uln) (18.36)
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where
w(()
w{l)
w(n) = )

w(Ny — 1)

is a column vector of the nth estimate of the N,, control filter coefficients, w(0)
is the first filter coefficient, w(1) is the second, and so on,

ui{n)
u(n —1)
un) = .

u(n—Nw—}- D

is a column vector of the last N, samples in the filtered reference, and u is a
scalar convergence coefficient set by the user to ensure stable convergence to the
optimum filter coefficients. This equation is very similar to that derived for the
LMS algorithm, the only difference being that the filtered reference u{n) is used
in the update equation rather than the reference itself.

In Eq. (18.36) the larger is p, the faster the algonthm will converge to the
optimum filter coefficients. However, ifs 1s too large, the algorithm will go
unstable and will not converge. The convergence coefficient can be selected
using the following rule of thumb™:

(18.37)

where N,, is the number of control filter coefficients and E{u?} is the mean-
square value of the filtered reference. This is very similar to the rule of thumb
for the LMS algorithm presented in Section 18.3 except that the mean-square
value of the filtered reference, E {#°], is substituted for mean-~square value of the
reference itself, E{r°}.

Equation (18.36) along with Eq. {18.35) states the SISO filtered-x algorithm.
This algorithm has enjoyed a great deal of pepularity because 1t 18 very easy
to implement and functions well in the presence of errors in the plant estimate
used to filter the reference. If the convergence rate is kept slow enough, the
algorithm will still find the optimum filter coefficients even in the presence of
plant phase errors of up to 90° % In addition, the algorithm can be very effective
in maintaining control even if the reference is nonstationary. Finally, it 18 possible
to introduce something comparable to control effort weighting as discussed in
the previous section. In the filtered-x algorithm this is referred to as leakage. By
reducing the control filter coefficients by a small percentage at each time step,”
the effect is similar to broadband control effort weighting.
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Example. To illustrate the application of this algorithm, we will utilize it to
design an optimum filter for the system of the previous section. To do so, we will
require the impulse response function (IRF) associated with the cross-spectrum
between disturbance and reference, 5,4, and the IRF of the plant, P. We obtain
these by simply inverse Fourier transforming the FRY functions in Eqgs. (18.32)
and (18.33), respectively, and retaining a sufficient number of terms to ensure
that we capture all of the impulse response. Figure 18.36 illustrates the two IRFs.
The plant IRF 15 a decaying sinusoid with a frequency of 25 Hz, the natural
frequency of the plant. The cross-spectrum IRF shows the delay of 0.02 s intro-
duced into the model. We will retain the full 1 s duration (200 taps at a sampling
rate of 200 Hz) of the IRFs in the figure, although it would probably be suffi-
cient to retain substantially less. The filter coefficients obtained using the direct
[Eq. (18.30)] and filtered-x [Eqgs. (18.35) and (18.36)] estimation procedures are
compared in Fig. 18.37, and the frequency response functions are compared in
Fig. 18.38. There are clear differences between the two control filters that may
be a consequence of the fact that the filtered-x procedure is still converging. That
the procedure 15 still converging can be seen in Fig. 18.39, which shows a time
history of the residual, or controlled disturbance. Even after over 80 s the residual
still shows a tendency to decrease. Figure 18.40 shows the ratio of the spectrum
of the controlled disturbance to the spectrum of the uncontrolled disturbance as
a function of frequency at the end of the time interval in Fig. 18.39. Also shown
in the figure 1s the same ratio for the direct-estimation procedure. In this case

the two procedures give comparable results despite the differences in the control
filters. f
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FIGURE 1836 Impulse response funcuons for S,, (top) and the plant, P (bottom).
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FIGURE 18.40 Ratio of controlled to uncontrolled disturbance.

Control of Aliasing Effects

In the previous sections we have focused on control of the disturbance below
the Nyquist frequency. In fact, because digital filters are periodic in the fre-
quency domain with a period equal to the sampling frequency, we must also
concern ourselves with the performance above the Nyquist frequency, especially
if the disturbance has significant amplitude there. Figure 18.41 shows the ratio



766 ACTIVE CONTROL OF NOISE AND VIBRATION

Causal performance

102
Frequency, Hz
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FIGURE 18.42 Feedforward block diagram further simplified (adaptation blocks not
shown).

of the controlled-to-uncontrolled disturbance beyond the Nyquist frequency for
the direct-estimation case in the previous section on optimal control filter esti-
mation. Above ~125 Hz the figure shows that the control system will amplify
the disturbance. To control this out-of-band amplification, one usually employs
anti-aliasing filters, low-pass filters that minimize energy above the Nyquist fre-
quency entering the controller. In addition, there are other low-pass filters and
delays that should be included in a more realistic model of -the active control
system. To that end Fig. 18.42 shows the controller expanded into five blocks.
First the analog reference signal needs to be digitized before the controller can
utilize it. That is the function of the A/D converter shown as the second block
in the controller. The first block is a low-pass filter called the anti-aliasing filter.
Its cutoff frequency is usually set slightly below the Nyquist frequency m order
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to reduce aliasing in the digital controller, as described above. The third block 18
the digital control filter, the output of which 1s fed to a D/A converter to convert
the digital signals to analog signals. The DA converter is usually a sarmple-and-
hold device that produces a signal with discrete steps or jumps at the sampling
rate. Consequently, there is usually a low-pass filter at the ouiput of the D/A
converter, typically called a reconstruction filter, to smooth or reconstruct the
signal. This filter is typically the same as the anti-aliasing filter, although there is
no requirement that the two filters be the same. The output of the reconstruction
filter is an analog signal, ¢, that 1s applied to power electronics that will in turn
drive a speaker or other actuator. The plant, P, accounts for all of the dynamics
relating the controller output to the control signal, which cancels the disturbance
d. In designing the control filter there may be significant delays associated with
the anti-aliasing filter, the reconstruction filter, and the D/A converter, which
need to be included in designing and evaluating the control filter. The delays
associated with the A/D converter are usually small and can, in most cases, be
neglected. The delays associated with the D/A converter, on the other hand, are
on the order of balf a sample period and usually need to be included in the design
and evaluation process. To carry out the analysis, the anti-aliasing filter, recon-
struction filter, and sample-and-hold delay (D/A converter) are usually lamped
in with the plant transfer function. The D/A converter 1s typically modeled by a
simple delay of one-half of the sample period. The total plant then becomes

U () P(w)e 19212 (18.38)

where AT is the sample period and U?(w) is the product of the frequency
response functions of the anti-aliasing and reconstruction filters. To illustrate the
impact on the design process and on the resulting performance, we will select
an anti-aliasing filter and go through the design process once again using the
same plant and disturbance-to-residual transfer function as used in Section 18.4
and given by Egs. {18.32) and (18.33). As will be discussed mn Section 18.6
under Hardware Selection, there is a wide variety of low-pass filter types that are
commonly used for anti-aliasing and reconstruction, such as Butterworth, Bessel,
and elliptical (Cauer), to name just a few. In this example we will use the third-
order elliptical filter whose frequency response function is shown in Fig. 18.43.
The filter has a cutoff frequency of 70 Hz, slightly below the Nyquist frequency,
and the ratio of passband to stop-band amplitude is nommally 50 dB.

Using the direct-estimation procedure outlined in Section 18.4 under Optimal
Control Filter Estimation, we obtain the causal control filter whose frequency
response is shown in Fig. 18.44. Also shown in the figure is the noncausal control
filter grven by B(w){U* () P(w)} " 'e/®2Y/2 The frequency response functions
of the two filters are clearly quite different, but the difference is more clearly
seen in Figs. 18.45q and b, where the impulse response function of the noncausal
control filter and the filter coefficients of the causal control filter, respectively.
are compared. The noncausal filter IRF shows a strong increase at the end of the
time interval, which, as explained earlier, indicates that the filter respounds before
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it recetves an input signal and is clearly noncansal. The filter coefficients of the
causal filter, on the other band, decay away to zero. The performance of the
active control system 1s shown in Fig. 18.46. The figure shows the ratio of the
controlled distarbance spectrum to the uncontrolled spectrum. The performance
has clearly been degraded, especially in the vicinity of the Nyquist frequency.
Nevertheless, the out-of-band amplification clearly visible in Fig. 18.41 has been
completely removed through the use of the anti-aliasing and reconstruction filters.

System ldentification

The control algorithms discussed in the previous sections require internal models
of the transfer functions between the outputs of the controller (i.e., the signals sent
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FIGURE 18.46 Ratio of controlled to uncontrolled disturbance with anti-aliasing filters,
reconstruction filters, and D/A converter delays.

to the D/A converters) and the inputs to the controller from the residual sensors
(i.e., outputs from the A/D converters). These transfer functions are commonly
referred to as plant transfer functions. The procedure used to measure these trans-
fer functions {(or equivalently impuise response functions) is referred to as system
identification. Tn this section, we discussed system identification approaches that
apply to feedforward controliers.

Since most control algorithms require plant models for the control algorithms
to converge to (or solve directly for) the optimal control filters,?® system identifi-
cation must be performed prior to any adjustments to the conirol filters. As such,
when system identification s performed with control filters set to zero (i.e., all
coefficients are equal to zero), it 18 referred to as “open-loop” system identifi-
cation. It derives this name because the system identification algorithms are run
when the control loop is open (i.e., no signals are allowed to pass through the
control filters). The plant estimates obtained during open-loop system identifica-
tion are used to initialize the plant models within the controller to support the
control algorithms that subsequently adjust the control filter coefficients.

For systems where the plant transfer functions are expected to be time invari-
ant (i.e., they do not change characteristics as a function of time), the plant
estimates obtained during open-loop system identification can be held constant
as the control filter coefficients are adjusted. It is more common, however, fo
expect that these transfer functions will change over time. These changes may
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occur because of changes in environmental conditions (e.g., temperature, pres-
sure), changes in the operating conditions of the system to be controlled (e.g.,
speed, load), or the presence of external factors (e.g., number and movement of
passengers 1o an automobile}.

There are two basic approaches to account for time-varying transfer functions
that may be encountered in ANVC systems: the use of robust control algorithms
and periodic system identification. Control algorithms are often formulated to
allow for certain levels of uncertainty associated with the internal plant models.
For example, the magnitude and phase response of the plant at a given frequency
may only be known to within, say, =2 dB in magmtude and £10° mn phase.
In effect, these algonthms recognize that the internal plant model is “close”
to the actual plant transfer function but not exact. Control algorithms that are
stable and provide performance in the presence of this plant uncertainty are
called “robust.” For example, the filtered-x LMS algorithm is robust to errors in
the plant model of up to 90°.% The second approach to account for time-varying
transfer functions 1s to perform system identification at the same time that control
filter coefficients are being adjusted. This approach provides periodically updated
plant models to the control algorithms that track changes m the plant over time.
System identification performed in this manner is referred o as closed-loop or
concurrent since it occurs while the control loop is closed.

In practice, a combination of both approaches is often required to account
for time-varying plants while at the same time maximizing achievable system
performance. Control algorithms that rely on exact models of the plants to be
controlled can offer maximum performance but are also very sensitive to slight
changes in the plant transfer function. As such, small changes in the plant can
lead to instability, and for this reason such systems are rarely used in practice.
On the other band, algorithms that make do with very inaccurate plant models
will often provide very little performance. As such, there is a trade-off between
confrol system robustness and performance. These trade-offs ultimately influence
the approach chosen for system identification.

We now discuss procedures for open- and closed-loop system identification
that are applicable to feedforward control systems. Consider first the feedfor-
ward systern of Fig. 18.47. For this system, the plant, P, is the transfer function
between the output of the control filter, v, and the response of the residual sen-
sor, ¢. Though not shown explicitly, the plant transfer function P 1s assumed to
mnclude the following: D/A sample and hold, smoothing filters, transfer function
through the structure to be controlled, anti-alias filters, and A/D converters. An
open-loop estimate of P can be performed by setting the coefficients of the con-
trol filter, W, to zero and injecting a band-limited probe signal v into the output
of the control filter. The probe signal is therefore a digital signal that adds to
the output of the control filter y to produce a net signal ¢ at the output of the
controller. A

The bandwidth of the probe signal is chosen to span the frequency range over
which control performance is destred. For a tonal control problem, where the
tone is nominally fixed in frequency, the probe signal may span only a few hertz.
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FIGURE 18.47 Probe signal injection for system identification in a feedforward system
with no coupling between actuators and reference.

For broadband control, the probe signal bandwidth is often chosen to extend
marginally beyond the control bandwidth to ensure an accurate plant estumate
throughout the bandwidth for control.

The transfer function between the probe, v, and the residual, e, can be esti-
mated in the frequency domain using the expression

P=—8,.5} (18.39)

where P = estimate of plant transfer function P
Sye = cross-spectrum between probe and residual
Ssw = autospectrum of probe

This expression will provide an unbiased estimate of the plant transfer function
for W = 0 (i.e., open-loop system identification) as well as for W £ 0 (i.e.,
closed-loop system identification) provided the probe signal is uncorrelated with
the disturbance and sufficient averaging time 1s allowed to obtain good estimates
of S,e.

An estimate of the plant transfer function in Fig. 18.47 can be made in the
frequency domain using Fourier transforms of the probe and residual signals as
outlined above. Alternatively, an estimate of the plant impulse response can be
obtained using the optimal or adaptive FIR filter design procedures discussed in
Section 18.3.

An example of system identification vsing the LMS algorithm integrated into
a filtered-x control algorithm is depicted in Fig. 18.48. The filtered-x algorithm
adapts the coefficients of the control filter W using the filtered reference signal
and a modified residual signal (see later) as inputs. A separate LMS algorithim
is used to identify the plant impulse response as shown in the lower portion
of the figure. A probe signal v is injected into the control loop and sums with
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tered-x LMS controller.

the output of the control filter. The probe s1gna] is also filtered by the adaptive
FIR filter that is labeled P Finally, the probe signal is an mput signal to the
LMS algorithm that adapts the coefficients of 2. The output of P is summed
with the residual signal e to form the error signal &, which is the second input
to the LMS algorithm adapting the coefficients of P The coefficients of P are
adapted to minimize the contribution in g that 1s correlated with the probe, v,
in a least-squares sense. An optimal estimate of P is achieved when the LMS
error signal g becomes uncorrelated with the probe, v. The coefficients of P are
copied periodically into the filter, f’copy, Whiph filters the reference signal r, as
required by the filtered-x LMS control algorithm,

Followimg the development of Section 18.3 under Adaptive Digital Filter
Design, the update equation for the plant estimate is

pn +1) = B(n) + 2uv(m)g(n) (18.40)

where

=[p(0), (1), p(D). . ., p(I = 1)] (18.41)
vin) = [v(n),v(n —1),.. ,v{n — I+ 1)]
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We note here that the convergence behavior of the LMS algorithm of
Eq. (18.40) is improved if the portion of the residual signal correlated with the
reference 1s removed before being used as mput for the plant estimate. This can
be aclueved by including a third LMS algorithm with the reference and residual
signals as inputs, and the modified residual signal as output. The update equation
is similar to that in Eq. (18.40). Though not shown explicitly in Fig. 18.84 to
preserve clarity, this approach was used for the adaptive feedforward control
example presented near the end of this chapter (MIMO Feedforward Active
Locomotive Exhaust Noise Control System with Passive Component) and is
illustrated there in Fig. 18.93.

A consequence of bemg able to peniodically update the model of the plant
using the system identification procedure outlined in Fig. 18.48 1s that the mjected
probe signal will increase the residual signal e. For purposes of system identifi-
cation, 1t 18 desirable to used high-level probe signals because the probe signal
will dominate the response at the residual sensor, and consequently accurate plant
estimates can be obtained i a shorter length of time. During open-loop identifica-
tion of ANVC systerns, it 1s often acceptable to use high levels of probe signals.
During closed-loop operation, however, the use of high-level probe signals is not
acceptable since performance gains achieved as a result of the control filter will
be overwhelmed by the presence of the probe signals reaching the residual. As
a consequence, low-level {i.e., covert) probe signals are required during closed-
loop operation.* The drawback to using low-level probes is that the plant estimate
will adapt slowly and will not be able to*rack changes in the plant that occur
over relatively short time frames. When this is the case, the control algorithms
must be adjusted to deal with larger levels of uncertainty in the plant models or
alternative strategies involving gain scheduling® must be considered.

For systems where the time constants of plant changes are large relative to
the adaptation time of the LMS algorithm when using low-level probes, the
system identification approach of Fig. 18.48 has been used effectively. For these
cases, the probe signals can be geperated using low-level band-limited “white”
noise. However, fixed-level, white-noise probe signals are not necessarily the

best choice. In particular, drawbacks of using white-noise probes include the
following:

¢ The magnitude of the probe signal 18 held constant. Therefore, as the mag-
nitade of the disturbance increases, the effective convergence rate for the
plant filter will decrease. Alternatively, as the disturbance decreases relative
to the probe, the convergence rate will increase at the expense of increasing
the level of the closed-loop residual signals.

o The spectral shape of the probe signal is independent of the spectral shape
of the residual signal and plant transfer function. Consequently, the quality
(e.g., estimation errors) of the plant estimate will vary as a function of

*Typically the probe signal 1s sized such that the resulting signal at the residual sensors 15 nominally
6 dB below the closed-loop signal (absent the probe) in those sensors.
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frequency. This can lead to temporary losses in system performance for
control of slewing tonals and nonuniform control of broadband noise.

For ANVC applications where white-noise probes may not be appropriate,
probe-shaping algorithms can be employed to generate probe signals that pro-
vide plant estimates with nominally uniform estimation errors zs a function
of frequency. Further, these algorithms can account for changes in the distur-
bance specirum and plant transfer functions over time.””~"? Probe generation
approaches are depicted collectively by the probe generation block in Fig. 1848,

The final aspect to discuss concerning Fig. 18.48 is. possible interaction
between the filtered-x LMS algorithm adapting the control filter and the LMS
algorithm adapting the plant estimate. In particular, we consider the effects
of probe signal injection on convergence of the control filters. Note that the
mjected probe signal used for system identification contributes to the net residual
signal e, which is typically used to adapt the control filter coefficients using the
filtered-x LLMS algorithm. The contribution from the probe signal 1s, by design,
uncorrelated with the reference signal r. However, its presence in the residual
signal will impact the instantaneous residual signal used in the gradient estimate
and reduce the convergence speed of the filtered-x algorithm. As a consequence,
it 1 beneficial to remove an estimate of the probe’s contribution to the residual
signal by subtracting the output of the filter, P (labeled g in Fig. 18.48), from
the residual, e. This modified residual signal (labeled % in Fig. 18.48) is then
used to adapt the control filter coefficients using the filtered-x LMS algorithm.

Up to this point, we have assumed that any coupling from the actuators back
to the reference sensors 18 negligible (i.e., sufficiently small that 1t can be ignored
with respect to system performance and stability). This is not always the case. In
general, there exusts physical coupling which must be accounted for by both the
control algorithm and the system identification algorithms. Control algorithms
that account for this path inchide feedback neutralization and Friksson’s filtered-
U algorithm, both of which were discussed in the previous section. A fully
adaptive filtered-U algorithm that includes concurrent system identification is
discussed by Eriksson and Allie.®! In those instances where the physical coupling
to the references becomes so strong that electronic cancellation of the coupling
may be ineffective, other approaches must be employed to minimize the physical
coupling, such as the use of directional reference sensors and selection of alternate
SENSOrs.

Figure 18.49 shows the injection of a probe signal in a feedforward system
that contains coupling C from the controller output to the reference input and
neutralization filter € in the controller to minimize the effects of this feedback
path. The procedures for open-loop identification of the coupling transfer function
C follows from the discussion above for identifying P, provided the reference
signals are used in place of the residual signals. As such, unbiased estimates of the
coupling transfer function can be obtained during open-loop operation, provided
that the probe signal is uncorrelated with the disturbance. During closed-loop
operation, however, transfer functions from the probe signal to the residual and
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FIGURE 18.49 Probe signal injection i feedforward system with coupling to reference
sensor and feedback neutralization filter.

reference sensors no longer provide unbiased estimates of P and C. Instead,
these transfer functions include the loop gain associated with the feedback loop
comprised of the coupling transfer function, neutralization filter, and control filter.

Following the nomenclatare of Fig. 18“5’49, these transfer functions are given
by

Sve —P Sur C
Ge o e = Gr = = (1842)
Sw  1-(C-OW Sw  1—-(C-OW

These expressions for G, and G, contain the desired transfer functions for P
and C in the numerator, but both contain the impact of the feedback loop in the
denomunator. The denominator term can be isolated by estimating the transfer
function from the probe signal to the controller output signal c. This transfer
function is given by ‘

Spe 1
Gom2e o & (18.43)
Sw  1-(C—-OW

Asymptotically unbiased estimates for the plant and coupling transfer functions
can then be obtained by combining Eqs. {18.42) and (18.43) such that

—G - G,
c=p C =
G. G,

P=

=C (18.44)

This approach for closed-loop identification 1s known as the joint input—output
method.” Estimates of P and C can be made m the frequency domain by esti-
mating the cross-spectra in Eqgs. (18.42) and (18.43) and taking the ratios as
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indicated in Eq. (18.44). Alternatively, multiple-embedded LMS algorithms could
be employed to adapt estimates of P and C on a sample-by-sample basis.

Although we have discussed the joint input—output method applied to a feed-
forward system with feedback to the reference sensors, it is a general approach
that 1s applicable to traditional feedback systems. As such, this method of concur-
rent system identification can be used to implement fully adaptive feedforward
and feedback control systems. Further, the method is valid for use during open-
and closed-loop operation. An example of a fully adaptive feedback control
system using this approach to system identification when applied to an active
machinery mount can be found in Berkman et al.,”* Curtis et al.,”> and Berkman
and Bender’® and is included here as an example in Section 18.7 under Active
Machinery Isolation.

Extension to MIMO Systems

The equations and examples so far have considered only SISO controllers. In
many instances there will be the need to design controllers that can handle mul-
tiple inputs and/or multiple outputs. While a complete consideration of the issues
involved 1 the design of MIMO systems 1s beyond the scope of this chapter,
we provide here a brief look at the algorithms for the design of optimum MIMO
control filters.

Let us begin by defining a notional MIMO system like that shown in
Fig. 18.50, where K reference signals, r, are applied to a control filter which
in turn generates M output signals, u, to drive actuators on the system to be
controlled. The system has L control sensors to monitor the system performance.
Since there are multiple inputs and multiple outputs to each of the blocks in
Fig. 18.50, the variables in the blocks B(w), W(w), and P (w) no longer represent
scalar transfer functions but must be transfer function matrices. For example, if
there are M actuators driving the plant and L control sensors monitoring the
system response, the plant transfer function P (w) between the sensors and the

Transfer
function
K References ' 18] L Uncontrolled 9 ;@ L Residuais®
i disturbances \A/
Control filter Plant

u L Sensors
> (W] M ActuatorsY [P]

FIGURE 18.50 Notional MIMO control system.
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actuators becomes the matrix of transfer functions [P (w)]:

Pulw) Pplw) .. Puylw)
[Py = | 2@ | (18.43)
PLI.((U) . o Pryle)

where the P, (@) are each frequency response functions relating sensor output
7 1o actuator mput m.

In Eq. (18.24) we defined an optimum SISO control filter for tonal disturbances
given by W(w) = P(w) ' B{w). It turns out that the optimal MIMO control filter
is given by a very similar expression if the plant is a square transfer function
matrix, that is, L = M:

(W (@)1 = [P ()] [Bw)] (18.46)

In the equation the square brackets indicate that the variables are transfer func-
tion matrices and not scalar transfer functions. For the more general case of a
nonsquare plant matrix of K rows and L columns the same expression applies
except that the pseudoinverse of the plant matrix is substituted for the normal
inverse:

[W(@)] = [P @)]*[B(®)] (18.47)
where the pseudoinverse of the plant, [P (@)}, is given by

P = (PP PIH for K<L
[PV = [PIE{PUPIHY! for K > L

where [-]1¥ means the complex conjugate of the transpose of the matrix. Since
for broadband disturbances Eq. (18.47) can result in noncausal control filters,
there is a need to apply cansality constraints to the MIMO filter design process
similar to those applied to the SISO case mn Section 18.4 under Optimal Control
Filter Esumation. Unfortunately the derivation of the direct-estimation equations
for the optimal MIMO contro} filter is very involved and beyond the scope of
this chapter. The mterested reader is referred to reference 77.

Fortunately the MIMO filtered-x algorithm is much simpler than the MIMO
direct-esiimation algorithm, and the equations have been developed by Neison
and Elliott.'67 The residual that we are seeking to minimize is given by

M JF-1

eln) =di(n) = Y " Pinjtm(n— j) (18.48)

m=} j==0

where Fp,; is the jth filter coefficient of the plant transfer function relating the
ith semsor output to-the mth actuator input, M is the number of actuators, J is
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the length of the digital representation of the plant transfer functions, and u,, is
the mth output of the control filter driven by the K references as indicated in the
equation

K I-1

Un () = D Wgireln — 1) (18.49)

k=1 1=0

In this equation wyy; is the ith coefficient of the control filter relating the mth
actuator drive signal to the kth reference, 7 is the length of each control filter,
and 7, is the kth reference signal input to the control filters, The MIMO filtered-x
update equation for each control filter coeffictent is given by

L
Wt (1 + 1) = Woug () + 20 Y e1(n) i — 1) (18.50)

i=1

where wy(n) is the existing estimate of the ith filter coefficient for the control
filter connecting reference k to actuator #t, Wy (n + 1) 1is the new estimate, and

-1
G () =Y Pimjre(n — J) (18.51)

J==0

Equation (18.50) is the MIMO filtered-x control filter update equation for mul-
tiple references, multiple sensors, and multiple actuators. It is similar tn form
(except for the sum over conirol semsors) to the SISO case, since the coeffi-
cients are updated by the product of the residnal and the reference filtered by
the plant transfer function. Its simple form allows for easy, computationally effi-
cient implementation and, as a consequence, has become a very popular MIMO
algorithm for feedforward applications. Purthermore, as we shall see in the next
section, it can also be applied to feedback systems.

18.5 FEEDBACK CONTROL SYSTEMS

Basic Architecture

The block diagram of Fig. 18.51 shows the basic architecture of a SISO feedback
control system. Such a block diagram might arise from the notional physical
system shown in Fig. 18.52. The physical system consists of a second-order
oscillator with a control sensor, an accelerometer for example, to monitor the
motion of the mass. In addition there is a control actuator which can apply
forces to the mass to control its motion. In the block diagram the residual, e, is
the output signal from the residual sensor. That output is fed to a control filter,
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FIGURE 18.52 Notional system with a feedback controller.

which is shown as W in the block diagram. The control filter output dnives an
actuator that is used to control the motion of the mass.

The plant transfer function P in the block diagram relates the control filter
output signal, which drives the actuator to the residual sensor output. In Fig. 18.51
the control filter drives the actuator in such a way as to reduce the input to the
control filter. This 1s in contrast to feedforward systems in which the input to the
control filter is a reference signal correlated with the disturbance. In one sense,
feedback control systems can be thought of as feedforward systems in which the
reference and control (residual) sensors are the same.

The solution for the closed-loop response is given by

e(@) = {1+ P(o)W (@)} ' d(®) (18.52)
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Clearly the residual will be small if PW > 1, and in the limit the residual
amplitude will become

e(®) = [PW(w)}'dw) (18.53)

The quantity PW 1s referred to as the loop gain and the residual amplitude will
be inversely proportional to the loop gain. Consequently, good performance from
a feedback controller will be achieved if the loop gain is made sufficiently large.
In addition, when the loop gain is large, the phase of PW is immaterial to the
performance such that if the control filter deviates somewhat from its design
goals the performance will suffer only mimmally.

The above discussion makes the design of a feedback control filter seem easy.
Unfortunately, stability considerations limit our ability to increase the loop gain
without limit. Stability issues will be discussed more fully below under Alter-
nate Suboptimum Control Filter Estimation, where the compensator-regulator
approach to feedback control filter design is discussed.

Optimal Control Filter Estimation

The literature dealing with the design of optimal feedback controllers is vast and
beyond the scope of what can be reasonably included in this chapter. Instead
we will focus on two approaches—one optimal and one suboptimal-—that each
provide tools for the design of SISO or MIMO controllers. The collection of
methods often referred to as modern optimal control theory will not be dealt
with here. Those methods, while providing powerful tools for control filter design
when an analytical model of the plant dynamics is available, are not especially
well suited to the types of problems where only measured data on the plant
dynamics are available. While curve-fitting techniques can be utilized to obtain an
analytical model that approximates the measured data, many of those techmques
begin to founder if the order of the system model (number of states) becomes
too large. For a sampling of the technology in this field the interested reader is
referred to references” 31,

In this section, we focus on what has come to be called the Youla transform
or inner model formulation. Through selection of a particular feedback architec-
ture, the Youla transform allows the feedback problem to be transformed into a
feedforward problem, making it possible for the feedforward control filter design
techniques in Section 18.4 to be used for feedback. In addition, because the sys-
tem 1s effectively transformed to a feedforward system, the resulting system is
guaranteed to be stable, provided an accurate digital model of the plant has been
utilized. :

Figure 18.33 shows a simplified block diagram of the Youla transform. In the
figure a second feedback loop has been inserted around the control filter. In that
second loop a digital filter approximating the plant transfer function has been
iserted. The term inner model is often used when referring to this approach,
precisely because a digital model of the plant is inserted into the control filter.
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By making this change in the architecture of the feedback system, we have
modified the transfer function ffom that shown in Eq. (18.52) to the following:

e@) = {1 = P@W@HL + (P(w) — P@)W (@)} d(w) (18.54)
Note that if P is a good match to P, then Eq. (18.54) sumplifies to
e(w) = (1 — Plo)W(w)}d(w) (18.55)

Equation (18.55) is the equation for the residual of a feedforward system, the
block diagram for which is shown in Fig. 18.54. The resulting block diagram
15 identical to the feedforward block diagram in Fig. 18.31 if the transfer func-
tion B{w) is set to unity. Consequently, virtually all of the control filter design
equations in Section 18.4 can be applied to a feedback system to which the Youla
transform has been applied provided B{w} = 1. From Eq. {18.24) the noncausal
control filter becomes

W(w) = P~ Yw) (18.56)
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For the filtered-x algorithm Egs. (18.35) and (18.36) can be applied to the Youla

transform feedback system by simply changing the reference time sequence r(n)
m the equations to the disturbance time sequence d(n) in Fig. 18.54:

win + 1) = wn) + peln)uln) (18.57)

where w(n + 1) is the new vector of filter coefficients, w(n) is the old vector,

uin) Nut
wy =1 40D ww) =Y pmd(n —m)
w(n — N, +1) m=0

and p(m) is the mth filter coefﬁment of the FIR filter representatlon of the plant
frequency response function £ (w).

The equations for determiming the optimum feedforward control filter with
causality constraints using the direct-estimation approach can be similarly em-
ployed by simply interchanging the disturbance d for the reference » In this
case what are affected are the aufospectra and cross-spectra in the equations,
Modifying Egs. (18.30) and (18.31), we obtain for a control filter with N taps

Wo Co C.o . Ca'[ 4
W, on Cq vor Coy Ay
. = : : . . o (18.58)
Wyt Cy1 Cna ... (o An
where the coefficients in the matrix equation become
Ap = Re {[ ’ PdeB_]pw‘Azd&}}
an
Wy 5 |
Cip-m) = Re { {1P? + oz-}sdde'ffp-mm‘d@} (18.59)
ah

where p,m == 0,1,... N — 1, §4 is the autospectrum of the disturbance, and o2
18 the control effort we1ghtmg factor.

For MIMO systems the equations of Section 18.4 under Extension to MIMO
Systems can be similarly adjusted for the design of a MIMO controller in the
Youla feedback architecture.

The transformation of Eq. (18. 34) a feedback system, into Eq. (18.55), a feed-
forward system, only occurs if P=pP Consequently, one would expect that
the digital representation of the plant transfer function would have to be fauly
accurate. If it 15 not, the term

{1+ (Pw) — Po)W}™! (18.60)
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may indeed lead to instability if the error in the plant model 1s large enough.
If we substitute E{w) for the difference between the true plant and the digital
representation, Eq. (18.60) becomes

{1+ E@W (@)} (18.61)

A simple criterion to ensure that the feedback system remains stable is to require
for all frequencies where the controller is functiorung that

IE@W(e)| <1 (18.62)

where | - | means the absolute value. Furthermore, it can be easily shown that
[E(w)W ()| = |E{w)||W{w)|. Consequently, we can write a simple criterion for
the maximum allowable error in the plant model:

|E()] = |P(w) — P(w)] < _B

s wa 0<f=<! (18.63)

where the criterion applies to all frequencies where the control system is function-
ing and B provides some stability margin. For example, if 8 = 0.1, Eq. (18.63)
will provide, at least, 20 dB of stability margin. This is a very simple criterion
requiring that we know only the amplitude of the control filter as a function of
frequency. No phase information is required. However, it s also very conserva-
tive, and systems that violate it may not necessarily be unstable. A more precise
method for determining stability is to employ the Nyquist criterion, which we
will discuss in the next section. Note that a sumilar criterion can be fashioned for
MIMO systems based on the maximum singular values of the matrices [E (w)]
and [ﬁ(a))]. The mterested reader 1s referred to references 80 and 81.

Alternate Suboptimum Control Filter Estimation

Compensator-Regulator Architecture. The compensator-regulator approach
to feedback controller design results in a suboptimal system but provides useful
insights into functions performed by the controller by breaking the control filter up
into a cascade of two filters, as illustrated in Fig. 18.55. The compensation filter
is designed to approximate the -plant inverse and compensate for its amplitude
and phase over a range of frequency, which we will refer to as the compensation
band. Consequently, if the compensation filter 1s given by

Gw) ~ P(w)™ (18.64)

then we conclude from Eq. (18.52) that the closed-loop residual response e{w)
is related to the disturbance d{w) by

e{w) _ 1
dlw) 1+ H(w)

(18.65)
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where H (w) is the regulation filter. As this equation shows, to provide reduction
in the residual, |H (w)| 3> 1. When [H(w)| > 1,

e 1 <1
d H{w
and when |H(w)] € 1,
e
1
d

As a result, the design of the regulation filter involves making its magnitude or
loop gain large at those frequencies where control is desired (the regulation band)
and small where control 1s not desired. As we shall see in the next section, the
trick 1s to reduce the magnitude and phase of H{w) in such a way as to maintain
stability and avoid excessive noise amplification outside of the regulation band.

Regulation Filter Design. The range of frequency over which [H(w)| > 1 18
referred to as the regulation band. To ensure stability as the magnitude of H{(w)
1s reduced outside of the regulation band, the phase of H(w) should not exceed
180° until the magnitude 1s less than 1. This requirement is a consequence of the
Nyquist stability criterion.

To employ the Nyquist criterion, one must plot in the phase plane the loop
gain, or the change m amplitude and phase as a signal propagates around the
feedback loop. In Eq. (18.65) H(w) is the loop gain. In the phase plane, the
real part of the loop gain is plotted on the horizontal axis and the imaginary
part is plotted on the vertical axis such that as the frequency changes, a curve
is traced out in two dimensions, as illustrated in Fig. 18.56. In the phase plane,
the radius from the origin to a pomt on the curve represents the magnitude of
the loop gain at a particular frequency, and the angle the radius makes with
the positive horizontal axis is the phase angle. This is shown in Fig. 18.56 for
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FIGURE 18.56 Stability and noise amplification requirement in the phase plane.

the case where the loop gam is H(w)., We will not present any proof here of
the Nyquist criterton but will simply illustiate its application. For the interested
reader, detailed discussions of the Nyquist criterion can be found in a number of
texts on control theory, 3682

To apply the Nyquust criterion, one simply plots H{w) on the phase plane as
the frequency o varies from —oc fo oo and counts the number of times that —1
is encircled. That number is equal for most cases of interest to the number of
unstable poles of {1 + H{w)}™* Figure 18.56 shows a Nyquist plot of a notional
H{w) m the phase plape. The amplitude and phase of H(w) at a particular
frequency are shown in the figure when the phase is less than 180° but the
amplitude is greater than 1. As the frequency increases and the phase of H{w)
approaches 180° in the figure, the amplitnde decreases to less than 1, satisfying
the criterion. As the figure shows, this ensures that that the curve of H(w) will
not encircle —1 and that the system is stable.

In the figure, when the phase of H{w) 1s 180°, the amplitude is ~0.2, which
gives a modest gain margin of ~14 dB. This means that the amplitude of H (w)
would have to be 14 dB higher before the feedback control system would go
unstable. Similarly, when the amplitude of H(w) is unity, the phase 18 approxi-
mately 120°, giving a phase margin of 60°, meaning that the phase would have
to mcrease by approximately 60° before the system would go unstable.

To ensure that there will be no noise amplification as the magnitude of H(w)
18 reduced outside of the regulation band, the curve traced out by H{(w) in the
phase plane should not enter a circle of unit radius centered on —1. This last
requirement 1s also illustrated in Fig. 18.56. There, the trajectory of H(w) is seen
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entering the umit circle, indicating that some degree of noise amplification will
occur.

While the loop gain plot in the phase plane can be used to estimate the noise
amplification, the so-called Nichols plot provides that information more directly.
Figure 18.57 shows a Nichols plot. In the figure, the phase of the loop gain is
plotted on the vertical axis and the amplitude is plotted on the horizontal axis. The
dashed curve in the figure is the loop gain of a second-order filter.” The contour
lines in the plot show the nose amplification. Whenever the dashed curve crosses
one of the contour lines, the feedback system with that loop gam will have the
noise amplification in decibels indicated by the number on the contour line. For
example. Fig. 18.57 shows that the second-order filter with the loop gain given
by the dashed curve will never have a noise amplification greater than 0 dB. In
fact. a simple examination of the Nyquist and Nichols plots will show that any

*The form of the filter 1s given by

- J{e/wo)
Hiwy=K { (0 ~ (wlwg? + jr;co/’wo)}

where © 1s the frequency and the other terms are constants.
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filter whose phase is bounded by £90°, as the second-order filter is, will always
be stable with 0 dB noise amplification when placed in a feedback loop.

All of the above discussion assumes that P (@) has been measured accurately
and that a good causal representation of Plw)~1 exists. If, however, the causal
representation of P(w)™" is imperfect, then the loop gain in the controller will
not be just H(w) but will be P(w)G(w)H (w). The same criteria for stability
and noise amplification apply to this modified loop gain. The consequence is
that H(w) may need to be designed with larger gain and/or phase margins to
maintain stability, and this may result in decreased performance. In addition, the
wmperfectly compensated system may also have increased noise amplification.

Another consideration is the frequency band over which the compensation fil-
ter, G{w), must be a good representation of P(w)™". In general, the compensation
bandwidth must be much greater than the regulation bandwidth to ensure stability
and to control noise amplification. To determine the required compensation band-
width, we first consider noise amplification. The basic approach is to compensate
the plant until H{w) 1s small enough so that uncompensated variations in the
plant, P(w), times the aliased compensation filter, G(w), will not lead to noise
amplification greater than that specified. If there are measurements of P{w) up to
frequencies well beyond even the compensation bandwidth, then it is possible to
construct the Nyquist plot similar to that shown m Fig. 18.56 for P(0)G(w) H (w)
and determine the noise amplification for candidate compensation bandwidths in
the same way as illustrated in the figure. Unfortunately, information on the plant
is rarely available over such a broad Bandwidth, and one must design in robust-
ness by utilizing marging of safety, For example, let us assume that 2 dB of noise
amplification is all that is allowed. For this to be true for any phase angle, the
amplitude of the regulation filter must satisfy |H(w)| < 0.206 (—14 dB). If we
have a margin of safety of, say, 6 dB to allow for uncompensated plant variations,
we must compensate the plant uatil the regulation filter has declined to —20 dB.
If we design the regulation filter to provide 10 dB of performance reduction in
the residual, then H{w) must have an amplitude of at least 10 dB in the regula-
tion band. Consequently, we will need to compensate the plant out to frequencies
beyond the regulation frequency until the amplitude of H(w) has decreased by
30 dB from its maximuim. Since we must not allow H{w) to decrease too rapidly
with increasing frequency or instability will result, the resulting compensation
bandwidth can easily exceed the regulation bandwidth by a factor of 10~100.

To illustrate these concepts, we will carry out an example for narrow-band
control and broadband control, in both cases assuming perfect compensation. For
the narrow-band case we choose

jo/wy
H = K 18.66
@ = K oo + jn@le) (1866

where K and 5 are constant, w = 27 f, and f is the frequency in hertz.
Equation (18.66) is a narrow-band regulation filter with high gain near @ == wy.
The frequency response is shown in Fig. 1858 for n =0.1 and K = 1. This
filter will provide approxumately 20 dB of loop gain at the center frequency and
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FIGURE 18.58 Narrow-band regulation filter.

consequently we would expect about 20 dB reduction in the residual. In addition,
as mentioned above, the phase of the filter is bounded by +90° and consequently,
when placed m the feedback loop, will be stable with O dB noise amplification.

Figure 18.59 shows the reduction in the residual with this regulation filter in
the feedback loop. The system frequency response looks like a notch filter with
approximately 20 dB of noise reduction over a bandwidth of about 5% of the
center frequency fy. It shows no out-of-band noise amplification, as expected.

These estimates have assumed that the compensation for the plant is perfect
and that G{w) = P (@)~} for all frequencies. In reality we need to define a realis-
tic range over which the plant will be measured and the compensation filter will
be designed to work. The compensation band should be extended out far enough
in frequency such that the regulation filter gain is small enough to ensure that no
matter what uncompensated plant phase is introduced, the noise amplification will
not exceed a design value (e.g., 2 dB). Earlier we determined that that criterion
would be satisfied if |H(w)| < 0.206 (—14 dB). To allow for possible increases
in loop gain as the compensation is gradually turned off, we introduce some
margin by reducing this value by an additional factor of 2 (6 dB). Consequently,
the plant will be compensated until the regulation filter reduces its amplitude
to —20 dB. From Fig. 18.58 we can see that the compensation bandwidth must
extend from ~ 0.1 fo to ~ 10 fo, or 2 decades. Thus is substantially broader than
the control bandwidth.
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Note that the bandwidth and noise reduction in Fig. 18.59 can be adjusted
by varymg the parameters of the regulation filter. For example, increasing n
will increase the bandwidth but decrease the noise reduction performance of the
feedback system, essentially broadening the notch and decreasing its depth in
Fig. 18.59. Increasing K will increase the noise reduction performance, essen-
tially deepening the notch in the figure but requiring that we compensate the
plant out to still higher frequency to control noise amplification.

For broadband control we will use a second-order bandpass filter for the

regulation filter given by

J{w/wg) }
H = Kb 18.67
@ { (Ja/wy + ay(jolwy 4+ b) ( )

where @y is the center frequency of the filter.

The frequency response of the filter with K = 3,4 = 0.1, and b = 10 is shown
in Fig. 18.60. The phase of this filter (not shown) is also bounded by £90° and
hence the system would be expected to be stable with no noise amplification,
provided the plant is properly compensated. The noise reduction performance of
the feedback system employing this regulation filter is shown in Fig. 18.61. The
figure shows about 10 dB or more of noise reduction for 0.12f, < f < 8. It
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also shows that there is no out-of-band noise amplification above and below the
regulation frequency band, as expected.

The above calculations assume that the plant has been perfectly compensated.
As for the narrow-band case, the compensation band should be extended out
at least far enough in frequency such that the regulation filter gain is small
enough to ensure that no matter what the phase, the noise amplification will
not exceed 2 dB. Earlier we determined that that criterion would be satisfied if
|H{w)| < 0.206 (—14 dB). Again, to allow for possible increases in loop gain as
the compensation 1s gradually turned off, we introduce some margin by reducing
this value by a factor of 2 (6 dB). Consequently. the plant will be compensated
until the regulation filter reduces its amplitude to —20 dB. From Fig. 18.60 we
can determine that the compensation band must extend out to 300 fy, or almost 40
times the highest frequency m the regulation frequency band. Since this 1s a fairly
broad band over which to provide good compensation, 1t would be mferesting to
examine what would happen if we used a higher order filter. Since the loop gain
associated with a higher order regulation filter would decrease more rapidly with
frequency, the compensation band should be narrower. For example, if we simply
square the frequency response function of the second-order filter i Eq. (18.67),
we would have a fourth-order filter given by

(18.68)

H) = Kb{ J@/wo) }2

(ol + @)/ +b)

The frequency response function of this filter is shown in Fig. 18.62, which
indicates that this filter rolls off much more quickly than the second-order filter.
The compensation band now extends out to ~ 50f; rather than 300f,. There
is, however, a penalty for this higher rolloff. That penalty is illustraied in the
Nyquist and Nichols plots of Fig. 18.63 and the noise reduction performance
plot of Fig. 18.64. The Nyquist plot shows that the system is stable but that the
curve formed by H{w) enters the noise amplification region. The Nichols plot
shows that the expected noise amplification should be about 2.5 dB, which is
confirmed in Fig. 18.64. Finally the regulation frequency band over which the
noise reduction 1s 10 dB or more has been reduced slightly due to the more rapid
rolloff of this higher order filter. The noise reduction performance and regulation
bandwidth 1sspes can be dealt with by changing the parameter values in the filter
frequency response function (with concomitant increases in the compensation
bandwidth and noise amplification). However, the noise amplification generated
by this higher order filter occurs even with perfect compensation and is the real
reason the low-order filter is preferred.

Compensation Filter. There are a number of approaches that can be applied to
designing the compensation filter. Here we will examine the use of feedforward
control filter design techniques, as discussed in Section 18.4, to design a control
filter that will converge to the inverse of the plant. The notion for this approach is
illustrated in the feedforward control architecture of Fig. 18.65. There the plant,
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P{w), and the compensation filter, G(w), are connected n series and the distur-
bance and the residual are the same function, that is, the transfer function B{w) i
the simplified feedforward architecture of Fig. 18.31 1s unity. With this arrange-
ment, the control filter design algortthms will attempt to make G(w)Pl{w) =1
or G{w) =~ P(w)~! Both the direct-estimation and filtered-x design tools can be
applied to this problem and the inverses of both MIMO and SISO plants can be
determined.

Example. To illustrate this approach, we define the notional position-keeping
system for the suspended mass shown in Fig. 18.66. The mass might be machin-
ery that is vibration isolated from the deck of a ship. For frequencies well above
wy the suspension system under the mass will reduce the excitation of the deck
due to machine vibration from imbalance, for example. Our position-keeping
system prevents the machinery from striking the deck when the ship encounters
rough seas. In this system the relative displacement between the machine and
the deck is measured and used as the input to a controller. The controller in
turn - generates a control force to minimize that relative deflection so that the
machine and the deck do not come into contact. The control force could be gen-
erated by an nertial shaker or an interstructural shaker between the deck and the
machine.
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‘The plant for this system, which is the ratio of the relative deflection between
deck and machine to actoator force is given by
1

P ==
@) Mol — (w/wp)? + jlw/wo)n}

(18.69)
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for the half-sample delay mtroduced by the sample-and-hold D/A converters. We
simply include that delay in the plant frequency response function.
For a regulation filter we will use the second-order broadband filter of

Eq. (18.67) with the following parameters:
Controller
ag
K =3 a =0 b= 10
f £, = ;}7‘; =1

Deckl

acceleration Relative fcf.?;ﬁ; These parameters make the regulation filter have the low-pass characteristics

dzzi?;?n illustrated in Fig. 18.68. The filter has a nominal loop gain of ~10 dB out to

~10 Hz.

Based on the results in Fig. 18.60, we know that the compensation band will
need to extend out to about 40 times the highest frequency in the regulation band

FIGURE 18.66 Nononal feedback position-keeping system.

. or out to 400 Hz. Since we cannot expect to design a compensation filter that will
e —» MP ’ 2 nelatie > ) be effective right out to the Nyquist frequency (one-half the s 1 te)
acceleration ' J ) deflection ‘ ght out o yqux quency ampling rate), we
3

5 - x will put in a margin of safety and use a sampling rate of 1000 Hz, which gives a
? Nyquist frequency of 500 Hz. Using the direct-estimation filter design technique

Control filter

10
Plant Compensator Reguiator

Controt} -2 0
P G * H o
force © H
& -10
5] i
= :
= 20 ;
FIGURE 18.67 Block diagram of the notional feedback position-keeping system. g ;
30 - ;

. d is th ’ —40 : H H i I [
where wq 15 the natural frequency of the mass on its suspenston and 7 is the 1oz 100 101 10 10°
loss factor for the system. The feedback control system block diagram for our
notional position-keeping system is shown m Fig. 18.67. ’ o

The parameter values that we will use are - R T .
-20 g |
%o : 2 N
= e == 25 Hz = 0.1 o : | N
To= 2 ! S —40 ;
S

For this calculation we will not use any anti-aliasing or reconstruction filters but g -60
will rely on the plant itself to provide low-pass filtering. If we were to use any § 50
additional low-pass filtering, the frequency response of those filters would simply -
be included with the plant, since the compensation filter will have to compensate ~100 i Lo N L :
for the amplitude and phase variations of those components as well. In a real sys- 1072 107 10° 10! 10? 10%
temn with more complex high-frequency response than our sunple notional system - 7t

we would probably not be able to eliminate anti-aliasing and reconstruction fil- ) , ' ,
ters, but eliminating them here simplifies the example. Finally, we must account FIGURE 18.68 Amplitude and phase of the regulation filter.
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of Section 18.4 for the system in Fig. 18.65, we obtain a 50-tap compensation
filter G(w) that when multiplied by the plant transfer function gives the result
shown in Fig. 18.69. If the filter were a perfect compensator, the amplitude of
G{w) P (w) would be unity and the phase would be zero.

The figure shows that the amplitude 13 very close to unity almost all the way
to the Nyquist frequency.* The phase, however, reaches almost 180° at 300 Hz,
which indicates that we should expect some noise amplification due to imperfect
compensation. That expectation is confirmed in the Nichols plot of Fig. 18.70
and the noise reduction performance plot of Fig. 18.71. which each slow a little
over 2 dB of noise amplification. The Nyquist plot also in Fig. 18.70 shows that
the system 1s stable. The noise reduction performance i Fig. 18.71 shows that
10 dB of noise reduction has been achieved up fo more than 10 Hz.

PG =1

10 ? ;

-10
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|
o
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200 T T T 1 T
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<

-100

200 : i ;
0 100 200 300 400 500 600

Frequency, Hz

FIGURE 18.69 Amplitude and phase of the product of the compensation filter and the
plant transfer function {G(w)P(w)} as a function of frequency.

*Note that in computing the compensation filter using the direct-estumation approach it 18 sometimes
necessary to miroduce a smail delay i the block diagram of Fig. 18.63 to deal with uncompensatable
delays m the plant. Instead of setting B(w) = 1, we set it o B(®) = ¢~/%*" where T is the sample
period and A a constant representing the length of the delay in sample periods. While introducing
some phase ervor in the compensator, this approach often results in a better plant compensator than
if po delay were wntroduced. For the case examined here best results were obtained with X ~ 1.5,

FEEDBACK CONTROL SYSTEMS 799

Noiée
amplification :
g

Phase, degrees
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FIGURE 18.70 Nichols and Nyquist plots for the feedback control system of Fig. 18.67.

This example points out how feedback control systems can make severe
demands on hardware, typically much more severe than feedforward systems.
To achieve 10 dB of noise reduction out to 10 Hz required in this case a sam-
pling rate of 1 kHz, 100 times higher than the regulation bandwidth, Such a huge
Jactor between regulation bandwidih and compensation bandwidth is not uncom-

mon and is one of the reasons why feedforward systems are often favored over
feedback.
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FIGURE 18.71 Ratio of controlled to uncontrolled residual for the feedback control
system of Fig. 18.67.

18.6 CONTROL SYSTEM DESIGN CONSIDERATIONS

In this section, we discuss the process and steps involved in designing and imple-
menting a successful ANVC system. This process is illustrated m the flow chart
of Fig. 18.72 As shown, the first step 18 to establish design goals and require-
ments, which include performance goals and objectives. These goals, together
with experimental data or structural—acoustic models, are used to conduct simu-
lations to predict achievable systemn performance. These performance simulations
typically involve trade-off studies of system performance as a function of actu-
ator output levels, sensor dynamic ranges and noise floors, control algorithms,
architecture, and controlier parameters (e.g., sample rate, analog filter character-
istics, digital filter sizes, computational load, and memory requirements). These
simulations ultimately gude decisions concerning hardware selection, such as
analog filtering, A/D and D/A converters, and digital-controller hardware. The
output of this simulation step 1s a set of design specifications for the sensor and
actuator subsystems as well as for the controller (i.e., control algorithm and archi-
tecture). Preliminary and detailed designs are then performed to produce sets of
component specifications for each subsystem as well as mterface control docu-
mentation between each subsystem and with the system to be controlled. At this
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Establish design

Performance
goals and goals/objectives
reguirements: i
i‘;ﬁ?ﬁ;‘ 333;"233; Design trade-offs and ¢ Data and
and perio,rmance simulations performance sznulatmns prediction sets
Prefiminary ‘ Control algorithms
design | Sensors and architecture
Design requirements *
A4
Detailed Sensor | | Platform | Controller Interface Actuator
design: design | | modifications 1 design design design
Component specs {' ‘ ¢
Component Sensor Co_ntro!ler Ac?uatcr
buildftest: build and test build and test buiid and test
Test-ready hardware and software T~y v o

System tests

and evaluation: ( Land-based and platform system testing ]

FIGURE 18.72 Flow chart for ANVC system development and implementation.

point, the subsystems are acquired if they are commercially available and fabri-
cated if not. Each is then tested to ensure that both hardware and software meet
specifications. The components are then integrated with the system to be con-
trolled. Typically, a series of tests is conducted to validate systemn performance.
If snccessful, more extensive in-service testing is usually performed to determine
long-term performance and reliability before the prototype system is transformed
mto a commercial product or deployable system. That transformation, which can
be an extensive and costly process, is not discussed here.

In the sections that follow, we discuss the major steps in this development
process, including identification of performance goals, specification of actuator
and sensor requirements, and selection of control architecture. Also discussed
in what follows are the benefits of conducting both non causal and causal per-
formance simulations; practical considerations concerning hardware selection of
analog filters, D/A and A/D converters, and digital signal processors; and an
overview of 1ssues related to control system user imterface, operating modes of
the system, and system testing guidelines,

Identifying Performance Goals

Identifying performance goals is an important, yet often overlooked, first step
in developing an ANVC system. Performance goals state what effect the control
system should have on a particular physical quantity as a function of frequency. A
schematic that 1s useful for discussing performance goals is shown in Fig. 18.73.
This figure shows two conceptual curves as-a function of frequency. The solid
curve is representative of the uncontrolled response (e.g., mean-square vibration
level on a particular component). The dashed curve is the desired mean-square
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FIGURE 18.73 Schematc of performance goal specification, uncontrolled response
{solid line}, controlled response (dashed line).

response as a result of unplementing an ANVC system. This desired response
may be required to meet product specifications or may be related to meeting
certain radiated noise specifications. In either case, the difference between these
two curves identifies the reductions, as a function of frequency, that are required.
As an example, the performance goalsTorthe case illustrated in Fig. 18.73 might
include the following:

¢ Reduce tonal components in mean-square vibration response by at least
15 dB.

e Maintain tonal performance in the presence of slewing tonals (e.g., where
the tonal frequency changes over time at a rate of less than 3 Hz/s).

e Reduce broadband mean-square response in the control band (i.e., between
frequencies f] and f) by 0-5 dB.

e Maintain performance in the presence of changes in the dynamics of the
system (i.e., plant) that will occur over time.

« Limit out-of-band noise amplification to less than 2 dB at any frequencies
outside the control band.

Identifying performance goals 1s important for several reasons. First, the expec-
tations for the ANVC system are clearly stated and can be evaluated versus
practically achievable ANVC performance. For example, typical ANVC sys-
tems can provide 15--20 dB of tonal reductions, depending on the slew raie
of the tonals. Further, broadband performance m excess of 10 dB is typically
associated with some level of out-of-band amplification. Second, these specifi-
cations will directly mmpact tmplementation aspects of the ANVC system. With
regard to the above example, we can make the following initial observations.
The broadband performance requirement will require a feedback implementation
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or a feedforward mmplementation with reference sensors that are well correlated
with the mean-square response to be controlled. The need to provide additional
reductions at slewing tonal frequencies will require control filters that adapt rel-
atively quickly m response to changing tonal frequency. In addition, since the
plant transfer functions are expected to change over time, the control system will
need to support concurrent system identification and adaptation to track relatively
slower changes in the system dynamics. Finally, the constraint on noise amplifi-
cation will impact the bandwidth of a feedback implementation (as discussed in
Section 18.5) and probe signal design (as discussed i Section 18.4 under System
Identification).

In general, the performance goals will have a direct impact on all aspects of
the ANVC system design (e.g., sensors, actuators, and controller). In the next
sections, we discuss how the performance goals impact each of these subsystems.
In particular, we discuss procedures to answer the following questions:

o What number of actuator channels is required?
¢ Where should the actuators typically be located?

* What are the output drive requirements {force, volume velocity, etc.) for
the actuators?

What is the number of sensor channels required?
Where should sensors typically be located?

e What control algorithm/architecture can be used to design control filters that
will maximize achievable system performance?

Is it likely that the program goals can be met (at least throughout the fre-

quency range of the available models) with a reasonable number of actuator
and sensor channels and with a causal controller?

.

These questions will be addressed within the context of the technical approach
illustrated in the flow diagram of Fig. 18.74. As shown along the left side, the
approach involves three sequential studies:

» Controllability: where to place the actuators.
o Observability: where to place the sensors.
¢ Realizability: how to design causal control filters.

Number, Location, and Sizing of Actuators

Actuator and sensor placement studies require either a model of the system to be
controlled [e.g., finite-element model (FEM), lumped-parameter model] or access
to experimental data from the system itself. The first questions to be addressed
are where actuators should be located, how many are necessary as a function of
achievable performance, and what size of actuator 18 needed (shaker maximum
force output, speaker maximum volume velocity, etc.) to effectively drive the
system and provide control.
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FIGURE 18.74 Flow diagram for ANVC strategy selection.

Number of Actuators. The question of how many actuator chanmels are
required can be roughly estimated from experimental data or model results of the
response to be controlled. For example, suppose that the response to be controlled
is the mean-square vibration response on a component that is characterized by
L point response measurements. The munimum number of actuator channels 1s
equal to the number of independent ways the system is responding at the L
measurement locations (referred to as response dimensionality) on a frequency-
by-frequency basis. The response dimensionality can be estimated by computing
the singular-valued decoraposition (SVD) of the cross-spectral density (CSD)
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matrix of the L responses. We can express this CSD matrix as

(See] = [TI[Saall TV (18.70)

where [Sgq] = cross-spectral dengity matrix of disturbance
['T] = transfer function matrix from source(s) to L response locations
[-1¥ = conjugate transpose of matrix

Note that [Se.] can be evaluated directly by measuring the CSD matrix of a
number of sensors at candidate locations. As an alternate approach analyti-
cal/pumerical models of the system to be controlled can be used to estimate

. [T along with approximations to [Sga]* m Eq. (18.70) to estimate [Se.].

The SVD of a matrix [A] is defined as
svd{[A]} = [Usl[Aal(Val" (18.71)

where [Us] and [V,] are unitary matrices containing the left and right singular
vectors of [A] and [A4] 1s a diagonal matrix containing the singular values for [A]
ranked from largest to smallest.5% A typical plot of the singular values of [See]
(i.e., diagonal elements of [A.]) at a particular frequency will reveal several large
(i.e., significant) singular values followed by a transition to a region containing
smaller (i.e., less significant) singular values. An example of this type of plot,
where the singular values are normalized by the largest, 1s shown in Fig. 18.75.
These types of plots can be conveniently generated using the svd function in
MATLAB.

The number of large singular values of [Se.] at a given frequency indicates
the number of significant and independent ways in which the disturbances on the
system express themselves at the I measurement locations. At any frequency,
the number of significant singular values is equal to the minimum of

e the number of independent disturbances acting on the structure (termed
source dimensionality),

e the number of structural degrees of freedom (i.e., modes),
« the number of measurement responses (ie, sensors), and

e degrees of freedom of spectral estimates (i.e., number of ensemble averages
in estimating the CSD matrix from experimental data).

As such, care must be taken to ensure that the estimated response dimensionality
is not limited by using too few sensors, by insufficient averaging if [Se.] is mea-
sured, or by too few sources and sensors if analytical models are used to estimate
[Sce]l. We note that controlling the response characterized by the L measurement

*For analytical/numerical simulations, where the CSD of the disturbances may be uninown, it is
often sufficient to assume a large number of candidate disturbance locations and use a disturbance
CSD matrix in Eq. (18.70) equal to the identity matrix at all frequencies of inferest, This corresponds
to the case where the sources are statistically independent with unit variance at each frequency.



808 ACTIVE CONTROL OF NOISE AND VIBRATION
Large singular values

1.0 —

Normalized
singular

value /1

Transition
region

Small singular values

Singular value index

FIGURE 18.75 Typical decay of singular values of a sensor CSD matrix, normalized
by the largest singular value.

locations will require at least as many actuator channels™ as significant singular
values of [See]. Thus, this approach establishes a lower bound on the number of
required actnator channels.

Finally, we make two remarks concerning the use of SVD spectra to deter-
mine lower bounds on the number of actuator channels. First, since the number
of significant singular values will typically increase as a function of frequency
(because the number of modes supported by the system increases with frequency),
the number of required actuator channels 1s often dictated by the singular-value
spectra at high frequency. Second, the transition region in Fig. 18.75 may be
gradual rather than showing a distinct “knee.” For those cases, a useful “rule of
thumb” is that the number of significant singular values at a given frequency is
equal to the pumber of singular values whose magnitude is within, say, 30 dB
of the largest singular value.

Actuator Locations. The selection of specific actuator locations 1s typically
the result of an optunization procedure to select the best K locations from a set
of M possible locations (M > K). This procedure requires the response CSD
discussed above as well as the L x M transfer function matrix [P] between the
M possible actuator locations and the L sensor responses. An exhaustive search
over all combinations to determine the optimal set of K actuator locations would

require a search of [}(‘(M possibilities. This can be a daunting task for
WM — KOt
even modest values of X and M. When this is the case, it is often useful to
invoke suboptimal techniques to choose a “good” set-of actuators.
One suboptimal approach that has been used successfully is based on

Gram—Schmidt orthogonalization.®® Given M candidate actuator locations,

*The term actuator channels is not necessarily the same as the number of actuators. For mnstance, a
group of 10 actuators driven coherently requires only a single output channel from a coniroller.
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choose the one that maximizes reductions in the trace of [See]. In this context,
the best candidate is the column of [P] that is “most parallel” to the L sensor
responses caused by the distarbances, integrated across frequency. Once an
actuator (i.e., column of [P]) is chosen, components of [Se] and remaming
columus of [P} in the direction of the chosen colummn of [P] are removed. The
process 1s repeated K times, where the value of X is estimated from SVD spectra
of [See]. Variants of this procedure are discussed by LePage et al.*? and Heck
et al.®? An interesting comparison of alternative procedures for selecting source
locations based on using genetic algorithms and simulated annealing is discussed
by Elliott.>®

Regardless of the selection procedure, the mean-square response of the L
sensors can be estimated assuming all actuators chosen so far can be used in an
optimal, unconstrained sense. That is, we assume a controller can be developed to
produce the reqmired magnitude and phase spectra to drive each output channel.
At each frequency, the L vector of residual responses & can be expressed in terms
of the L vector of uncontrolled responses e and the & vector of actuator drive
signals a (for k < K) acting though the L x k plant transfer function matrix [P]:

& =[T]d+ [Pla=-e+ [Pla (18.72)

The optimal solution for a to reduce the residual mean-square response tr{[See]}
at each frequency is

a = —[P)e (18.73)

where # signifies the pseudoinverse, which can be conveniently computed using
the pinv function in MATLAB or by the expression defined in Section 18.4 under
Extension to MIMO Systems.

As a consequence, the optimal noise reduction (NR, in decibels) of the mean-
square response using the selected actuators is

NR = —10 log, (-——-——-igzﬁ}} ) (18.74)
where
[Scel = E{ee™} = [T][Saal[TT*
[See] = [T — PPFI[S, [T — PPFH (18.75)

In Eq. (18.75), [See] 18 the CSD matrix of the uncontrolled responses at the L
residual sensor locations. This can be estimated from experimental data (i.e.,
E{eef})) or can be computed using transfer functions from source-to-residual
locations, {T], based on analytical models (i.e., lumped-parameter or FEM), and
an assumed CSD matrix of the sources, [Sga ], for example, the unit matrix as
described above.
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Equation (18.74) can be plotted frequency by frequency (or integrated across
the frequency bandwidth of concern) to determine an upper bound on system
performance, parameterized by the number of assumed actuators, as shown in
Fig. 18.76. These performance predictions represent upper bounds because at
this point we have not placed any causality constraints on the control filter, and
we have not identified what sensor signals will be used as inputs to the controller.
As such, these predictions are referred to as noncausal predictions, corresponding
to those identified in Fig. (18.74) pertaining to controllability. Since Eq. (18.74)
represents an upper bound on achievable performance as a function of frequency
for the selected actuator set, 1t provides a first-order assessment as to whether
the identified performance goals are achievable.

Actuator Sizing. A critical issue in the design of an active control system is
the sizing of the actuators. Actuators with too little drive capacity will result in
an underperforming control system, while actuators with too much capacity may
impose excessive weight or cost penalties. A rough guide is that the actuators
must be able to create response levels at the residual sensors that are comparable
to the levels observed there due to the distwrbance. A more precise estimate of
the required drive levels from the actnators can be determined from the diagonal
elements of [Syal=P*[Se][P¥1¥, which correspond to the power spectra of the
required drive signals to each actuator. For this calculation [Se.] shounld be based
on measurements unless good analytical models of the disturbances and their
CSD matrix, [Saql, are available. The §§ﬁ§re root of the integrated mean-square
levels of each diagonal term across frequency provides an estimate of the rms
levels for each drive signal. Peak drive requirements can be estimated from these
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FIGURE 18.76 Example of noncausal performance versus number of actuator channels.
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rms levels by applying an appropriate crest factor (i.e., ratio of the peak value
of a waveform to its rms value). For pure-tone cases, the crest factor is 1.41; for
broadband noise, the crest factor will depend on the statistics of the disturbance.
A useful approximmation to the crest factor for random noise is 4.

Note that if the plant [P] used in the equations above relates actuator output
(force, volume velocity, etc.) to the residual channel responses, then the diagonal
elements of [Sg,] (and the associated rms and peak levels) correspond to the
actual actuator drive level (e.g., pounds, cubic feet per minute) that must be
delivered to the structure by the actuators to produce the predicted performance.
As such, these predictions provide inibal actuator sizing information.

Number and Location of Sensors

The goals and requirements for selecting residual and reference channels are
summarized below.

Residual Sensor Channel Selections for Feedforward and Feedback

Strategies. The goal 1s to determine a punimal set of measurable responses
that are

e well correlated with the radiated noise or vibration response to be controlled,
» nominally colocated with actuators for feedback control, and

o consistent with satisfying “obvious” causal constraints™: at or “downstream”
of actuators for feedforward control strategy.

Reference Sensor Channel Selection (for Only Feedforward

Strategy). The goal is to determine a minimal set of measurable responses
that are

o well correlated with the disturbance sources,
o well correlated with candidate residual channels,

e consistent with satisfying obvious causal constraints: with sufficient “lead
time” to implement an effective causal controller (i.e., located sufficiently
“upstream” of the actuators).

Approaches for determining sensor channels that meet these goals and require-
ments are presented below.

Number of Sensors. If the number of residual sensors is equal to the number
of control actuators, it is theoretically possible to achieve infinite noise reduc-
tion in a feedforward system. Of course, very large noise reduction at residual

*By obvious causal constraints, we rule out consideration of residual sensors thaf are closer to the
sources than the selected actuator locations (i.e., upstream. of the acwator locations). Similarly, we

rule out consideration of reference sensor locations that are downstream of {(farther away from the
sources than) the actuator locations.
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sensors does not necessarily mean that the system will also provide good noise
reduction globally. Alternatively, if the number of control actuators exceeds the
number of residual sensors, the system 1s overdetermined and the control effort
may be excessive with some actuators corgpeting against others unless control
effort weighting is carefully included in the control filter design algorithm. Most
practical systems have more residual sensors than control actuators so that the
noise reduction is less concentrated at the residual sensor locations, resulting in
more uniform global control.

The selection of residual and reference sensors (when required or available)
can be determined following similar procedures to those outlined for actuator
selection. As before, it is advisable to perform SVD analyses of candidate resid-
nal and reference CSD muatrices to determine the minimum number of channels
necessary to characterize the response caused by the disturbances at those loca-
tions. Since response dimensionality will never increase as measurement locations
move away from the sources, at is common that the response dimensionality at
the reference sensor locations will exceed that at the residual sensor locations. We
note, however, that the number of sensors necessary to characterize the response
dimensionality may exceed the number of sensor channels determined by the
dimensionality stadies, as, for example, when arrays of sensors are processed 1o
characterize modal responses of a system.

If the response to be controlled is already known, the choice of residual sensing
may be relatively straightforward. For example, if the mean-square response of a
plate structare on a machine is to be réduted, it may be sufficient to instrument
that plate with L point sensors, where L exceeds the response dimensionality of
the plate (e.g., number of significant modes). Subsets of these L sensors can also
be considered to determine the sets that when minimized in an optimal sense will
produce the largest mean-square reductions of the full set of L sensors. Again,
either exhaustive or suboptimal search techniques can be used.

For cases where reducing radiated noise is the main objective, it may not
be possible to use residual sensor inputs to the controller that directly measure
the noise field. Instead, for these cases, residual sensors must be located on
the machine or device to be controlled. Selection of these on-board sensors is
typically the result of using detailed radiation models to determine which on-
board sensor responses are highly correlated with the radiated noise. If models
or experimental data that include radiated noise information are available for this
purpose, then candidate residual sensors can be selected using the exhaustive or
suboptimal search techniques discussed above.

Residual Sensor Evaluation. As was done when considering actuator selec-
tion, the resulting sets of residual sensors obtained at each step can be evaluated
to assess the maximum achievable performance as a function of the nurnber of
residual channels. In particular, reductions 1n the mean-square response of the
selected residual channels can be determuned vging Eq. (18.74), where the opti-
mal drive vector a in Eq. (18.73) 1s chosen to minimize only the candidate set
of residual channels. These drives are then used in Eq. (18.72) to estimate the
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reductions in mean-square performance across a larger and more complete set of
residual channels, or the radiated noise response. Again, these predictions rep-
resent upper bounds on achievable noncausal performance assuming fixed sets
of actuators and residual sensors. That is, we again assume that a controller can
be developed to produce the spectral magmtudes and phases that are necessary
to drive each output channel to reduce the mean-square residual response in an
optimal sense.

Alternatively, residual sensors can be selected simultaneously with mplement-
ing the procedure for estimating performance. A similar approach can be used to
select reference sensors for -a feedforward system. Details of this approach are
discussed below with respect to evaluating reference and residual sensors for the
case where residual sensors cannot directly measure radiated noise.

Assuming statistical quantities, we define the following frequency domain
relationships between the vectors of radiated pressures (or some other desired
residual which cannot be measured directly by the control system) p, residual
channels e, and reference channels r and the vector of disturbances d,

p=[Qld e=[Tld r=[Rjd (18.76)

where [Q], [T], and [R] are the transfer function matrices relating the disturbances

to the radiated pressure, residual channels, and reference channels, respectively.

For purposes of the discussion below, we assume that either the transfer functions

[Q], [T], and [R] are available from analytical models (e.g., lumped-parameter

or FEM) or the response vectors p, e, and r are available from experimental data.
The radiated pressure can be related to the residual channels as

p=[HdJe+n (18.77)

where n represents the radiated pressure response that is uncorrelated with (or
unobserved by) the residual channels. Assuming that e and n are independent
statistical responses, we can obtain an expression for [H,] in terms of the CSD
matrix of the uncontrolled residual [Se.] and the CSD matrix between the pressure
and residual channels [Sepl:

[He]=[Sep][Seel - (18.78)

As discussed earlier with regards to Eq. (18.73), [See] is the CSD matrix of the
uncontrolled responses at the L residual sensor locations and can be estimated
from experumental data (i.e., E{eef'}) or can be computed by using transfer
functions from source-to-residual locations, [T], based on analytical models (i.e.,
lumped-parameter or FEM), and an assumed CSD matrix of the sources, [Sqql.
Similarly, [8ep] is the CSD matrix of the uncontrolled responses of the pressure
and residual sensors. It can be estimated from experimental data (.e., £ {peﬂ}) or
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be computed from analytical models for [T] and [Q] together with an assumed
CSD matrix of the sources, [Saal:

[Sep] = [QI[SaallT] (18.79)

We can now wrnte an expression for the maximum nowse reduction, at each fre-
quency, that can be achieved by eliminating the response in the radiated pressure
that is correlated with the chosen set of residual channels:

; - H
NR, = 10 logyg (H{[SWE tr{[[}SIig?eJ[He 1}) (18.80)
where .
[Spp] = [QUSaallQ™]  [Seel = [TSaallT™] (18.81)

Note that if there is no correlation between the residual sensors and radiated
pressure, then NR, will equal 0 dB. If the output is entirely due to the input
{i.e., the residual sensors are perfectly correlated with the radiated pressure, then
NR, will be infinite (i.e., —oo decibels).

The evaluation of Eq. (18.80) requires either measured data or analyti-
cal/numerical models of the system to be countrolled. If simultaneous measure-
ments of the residual sensors, e, and thé desired residual, p, are available, then
the data can be processed to generate the cross-spectra density matrices [Sepl,
[See], and [Sppl. Equation (18.78) can then be used to-determine [He], which can
then be substituted along with [Se.] and [Sy,] into Eq. (18.80). If, on the other
hand, analytical/numerical models are available, they can be used to estimate the
transfer function matrices [Q] and [T). If the CSD of the disturbance [Sgq4] is
then taken to be the unit matrix as described carlier, then [Sep), [Seel, and [Sp,]
can be easily estimated from the equations given above, allowing the evaluation
of Eq. (18.80) as if measured data were available.

Reference Sensor Evaluation. In a similar fashion, the procedure outlined
above can be used to select reference sensors that are highly correlated with the
residual and/or radiated pressure. The residual chanpels can be related fo the
reference channels as

e={H,Jr+m (18.82)

where m represents the response in the residual channels that is uncorrelated
with (or unobserved by) the reference channels. Following the procedure out-
lined above, the maximum reduction in the mean-square response of the residual
channels, e, assuming a set of reference sensors r is given by

(18.33)

- Trp
NR, = 10 log,o (‘quw] [FL (S0 ])>

te([Seel)
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where
[Seel = [TISal[TY]  [See] = [RI[Saal(RY] (18.84)

and ;
H] = SrelSer] ™" (18.85)

The expression given in Eq. (18.83) represents the maximum reduction, at each
frequency, that can be achieved by eliminating the response in the residual chan-
nels that 1s correlated with the chosen reference channels. If there is no correlation
between the residual sensors and radiated pressure, then NR, will equal 0 dB.
if the output is entirely due to the input (i.e., the residual sensors are perfectly
correlated with the radiated pressure, then NR, will be infinite.

As with the residual sensors the evaluation of Eq. (18.83) requires erther
measured data or analytical/numerical models of the systern to be controlled.
If stimultaneous measurements of the residual sensors, e, and the reference sen-
sors, ¥, are available, then the data can be processed to generate the cross-spectra
density matrices [Serl, [Seel. and [Sy]. Equation (18.85) can then be used to
determine [H.], which can then be substituted along with [See] and [S,.] into
Eq. (18.83). If, on the other hand, analytical/numerical models are available,
they can be used to estimate the transfer function matrices [R] and [T]. If the

"‘CSD of the disturbance [Sgq] is then taken to be the unit matrix as described

carlier, then [Ser], {Seel, and [Syy] can be easily estimated from the equations
given above, allowing the evaluation of Eq. (18.83) as if measured data were
available.

Sensor Selection and Noncausal Performance. Choices for candidate
residual and reference sensors are typically guided by an understanding of the
physics of energy propagation for the system to be controlled as well as guidance
on the required number of channels required based on SVD analyses. Assum-
ing candidate actuator, reference, and residual locations have been identified
using the procedures discussed above, an upper bound on achievable perfor-
mance for thus set of transducers can be obtained by estimating the noncausal
performance. These predictions correspond to those identified in Fig. 18.74 under
the observability phase. For a feedforward system, this means that we assume the
controller can implement whatever filter is necessary to relate the reference sen-
sor responses to the required actuator drive signals to minimize the mean-square
residual response. For this case, the uncontrolled and controlled mean-square
residual responses are given by

tr([See]) = tr((T1[Saal[T™]) (18.86)

and

tr([See)) = tr({I—[PIP* [} 1 [Sye ] (HL (I~ [P [P} (18.87)
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where [S¢.] and [8,;] are defined in Eq. (18.84), [H,] is defined in Eq. (18.85),
and the noise reduction is given by

W([Ses])) (18.88)

NR =10 10g10 (m

As described in the above discussion for the residual and reference sensors,
Eq. (18.88) can be evaluated using either measured data or analytical/numerical
models. The one difference here is that measurements or analytical/numerical
predictions of the plant transfer function matrix [P] are also required.

On a final note, we remark that while the required numbers of reference and
residual channels are typically determined by the system response at the highest
frequency of interest, they may be more than is necessary at lower frequencies.
As a consequence, the CSD matrices of the reference and residual sensors (and
the plant matrix) may be ill-conditioned (i.e., noninvertible) at low frequencies,
which may impact the matrix inverses in Eqs. (18.78), (18.85), and (18.87). For
these situations, it may be necessary to add small values to the diagonal elements
of these matrices before computing the inverse. This procedure is referred to as
“regularization.” The values added are ideally a function of frequency and will
have a larger influence at low frequencies (where the matrices are ill-conditioned)
than at high (where the matrices are not ill-conditioned). One procedure that
satisfies this requirement (and has been used successfully in many ANVC appli-
cations) is to add a scalar times the miaxinum singular value of the matrix to
each diagonal element of the matrix on a frequency-by-frequency basis.

Controller Architecture and Performance Simulations

The upper bound predictions given in the sections above on the number, location,
and sizing of sensors and actuators provide a series of tools for bounding system
performance as more of the control system is defined. As more realism is included
(e.g., identifying both actuator and sensor numbers and locations), the bounds on
achievable performance typically get smaller but also moze realistic. Comparisons
of these bounds with performance goals can be made at each step to determine
if the control system under consideration is likely to meet 1ts objectives. Should
the system still appear feasible after selecting both actuator and sensor locations
{i.e., from Egs. (18.86) and (18.87)], the next step is to add more realism related
to the implementation of the controller.

In this section, we consider the impact of controller architecture on achievable
performance. In particular, we discuss procedures to mclude effects of analog
filtering, sample rate, and length of control filter.

As an introduction to these issues, consider the signal path from sensor
inputs to actuator drive signals for a conventional digital controller as shown
in Fig. 18.77. With reference to this figure, a digital controller requires that the
analog signals from the sensors be sampled and digitized at the sample rate of
the controller. The sample rate of the controller is usually expressed m terms of
a sampling rate or frequency (f;), which implies that the signals are sampled
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FIGURE 18.77 Signal path from sensor input to actuator drive signal for a digital
controller.

at a time interval (7;) equal to the inverse of the sample rate. For examiple,
a sample rate- f; = 1000 Hz cortesponds to a sample interval T, = 0.001 s. To
satisfy Nyquist’s sampling theorem,’” the sample rate of the controller must be
at least twice the highest frequency of interest for the controller. For feedfor-
ward systems, the sample rate may be a factor of 4 above the highest frequency
to be controlled. For broadband feedback systems, as discussed in Section 18.5
under Alternate Suboptimum Control Filter Estimation, it is not uncommon for
the controller sample rate to be a factor of 100 above the highest frequency to
be controlled (to minimize the effects of time delay through the controller and
quantization noise on system performance).

Once the sample rate has been chosen, analog filters must be used to limit the
frequency content of the analog sensor signals to below the Nyquist frequency
of the controller, where

fnyq = %fs (18.89)

These filters are called “anti-alias™ filters, and their output is passed to an A/D
converter, which in turn samples and quantizes the signal. Similarly, the output of
the digital controller is converted to an analog signal by a D/A converter, Before
these output signals are sent to the actuators, however, they must be filtered to
band Limit the signals below the Nyquist frequency; otherwise signals above the
Nyqumst frequency will be sent to the actuators. These filters are referred to as
“reconstruction” or “smoothing” filters
Although issues regarding the selection of anti-alias and smoothing filters are
discussed 1m the next section, we note here that a major consequence of filtering
is that it introduces a delay in the signal path, which is referred to as the “group
delay” of the filter. This delay is related to the derivative of the phase response
of the filter: dp(@)
to(w) = _ig“ (18.90)
In addition to the filters, delays in the signal path of Fig. 18.77 are also associ-
ated with the A/D converter, sample-and-hold functionality of the D/A, and the
processing time associated with implementing the digital filter. With regards to
the A/D converter, delays can be kept sufficiently smail by choosing successive-
approximation A/D converters. Issues related to A/D selection for applications
where time delay 1s not a limiting factor in controller performance (e.g., tonal
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control systems or for residual sensing m some feedforward applications) are
discussed in the next section. The delay associated with the sample and hold of
the D/A converter Tp/a is directly related to the sample rate of the controller:

1
2fs

For efficient implementations, the delay (Tpsp) associated with implementing
the digital filter within a DSP chip can be limited typically to a few tens of
microseconds. These implementations require that the sample clock controlling
the D/A converters be offset relative to the sample clock for the A/D con-
verters. As such, output samples can be sent to the D/A converters as soon
as they are computed so that the processing delay can be held to a fraction
of a sample interval. This sampling strategy is in contrast to one that waits
until the next time step to output a sample. The latter approach imposes a
minimum one-sample delay in the processing, which can be unacceptable for
certain applications.

The total delay from analog signal input to analog signal output 1s termed the
latency of the controller. Where appropriate, any delay associated with the ampli-
fiers and actuators will also contribute to the latency. Latency is an important
parameter since it can directly limit achievable performance of broadband feed-
forward and feedback systerns. As such, it is important to limit overall latency
in ANVC control systems consistent with achieving performance goals.

At this point, specific characteristics of the analog filtering, sampling, and
control filter parameters can be merged with model or experimental results to
make causal performance predictions. The steps involved are as follows:

/A = {18.91)

o Specify a system sample rate based on control bandwidth and architecture
{feedforward or feedback).

e Modify the transfer function matrices involving sensor inputs and actuator
outputs to mnclude

— transfer functions of anti-alias (AA) and smoothing filters (SF),
— delay associated with D/A converter sample and hold {(zp /A)s
— controller processing delay (tpsp), and

— transfer fanctions of amplifiers and actuator (SH).

e Specify cost function (including control effort and robustness constraints)
to be minimized.

¢ Specify number of control filter coefficients.

e Solve for control filter coefficients using the procedures outlined in
Sections 18.4 and 18.5,

« Estimate causal mean-square residual performance and actuator output drive
requirements: Compare estimated performance to performance goals.

If transfer functions of the filters, amplifiers, and actuators are not available,
initial causal performance estimates can be made by assuming flat magmtude
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spectra with linear phase spectra, which correspond to pure time delays that
bound expected delays for those components. When this is the case, Elliott™®
suggests approximating the group delay of the anti-alias or smoothing filters as

1
Tg W é‘}.; (18.92)

where #n is the order of the filter and f, is the cutoff frequency.

Hardware Selection

In this section, we discuss some of the practical issues related to selecting ana-
log filters, A/D converters, and DSPs. Although a complete discussion of these
1ssues is beyond the scope of this book, we present general guidelines and con-
siderations. Detailed discussions of each of these issues can also be found in
reference 58.

Anti-Alias and Reconstruction Filters. As discussed earlier, the main pur-
pose of anti-alias and reconstruction filters is to attenuate signals above the
Nyquist frequency. The anti-alias filters minimize contamination of frequencies
below the Nyquist frequency by attenuating the spectral content of the signals
above the Nyquist frequency. These higher frequencies are interpreted as lower
frequencies because of the nonlinear sampling process of the A/D converter. This
phenomenon is referred to as aligsing. Similarly, reconstruction filters attenuate
components of the drive above the Nyquist frequency, which occur as a con-
sequence of sampled signals at the output of the D/A converter. The benefits
of using anti-alias and reconstruction filters m combination with A/D and D/A
converters are discussed below

The amount of attenuation required from an anfi-alias filter depends on the
spectral shape of the sensor response and the desired bandwidth over which
the controller needs an accurate representation of the signal. A sensor response
that is inherently band limited below the Nyquist frequency may require only a
low-order anti-alias filter or possibly none. Alternatively, a sensor response that
is flat or increasing with frequency will require a higher order anti-alias filter.
For purposes here, we assume that the sensor response ig flat versus frequency.
In addition, we impose a requirement of at least 40 dB attenuation of contri-
butions from aliasing frequencies at the highest frequency that is important to
the controller {f,). From the context of controller implementation, however, we
wish to achieve this attenuation while munimizing the group delay of the filter to
acceptable levels.

There are two basic approaches to selecting the filter. The first is to use a
low-order filter with a relatively low cutoff frequency. The second is to use a high-
order filter with a higher cutoff frequency. Figure 18.78 compares the magnitade
spectra and group delays for a fourth-order Butterworth filter and a sixth-order
Cauer filter, both of which were designed to provide at least 40 dB of attenuation
above fi gz = 600 Hz. Both filters will meet the attenuation requirements for
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FIGURE 18.78 Comparison of (¢) magnitude spectra and (b) group delay for
fourth-order Butterworth (dashed curve) and-sigth-order Cauer (solid curve) filters.

frequencies below their respective cutoff frequencies (i.e., fo < fo) provided that
the system sample rate is chosen such that

fs = fat faoam {18.93)

Consider first the case with f, less than the cutoff frequency of the Butterworth
filter (nominally 200 Hz) and a saruple rate of 800 Hz. For this case, attenuation
of aliasing components is assessed by “folding” the magnitude response of the
filters about the Nyquist frequency of 800/2 = 400 Hz. As such, both filters
provide the required attenuation of aliasing components in the frequency band
below f,. However, the group delay associated with the Cauer filter is less than
that for the Buiterworth for all frequencies below f,, particularly near 200 Hz.

Now consider the case with f, = 350 Hz and a sample rate of 950 Hz. For
this case, attenuation of aliasing components is assessed by folding the magnitude
response of the filters about the Nyquist frequency of 950/2 = 475 Hz. The
Cauer filter again satisfies the attenuation requirement because the sample rate
satisfies Eq. (18.93). However, the attenuation requirement is not met by the
Butterworth filter. In fact, less than 20 dB attenuation of aliasing components 1s
achieved at 350 Hz (i.e., the difference in the magnitude responses at 350 Hz
and 950 — 350 = 600 Hz. Further, note that the maximum group delay of both
filters in the frequency band below f, 1s approximately the same.
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The above comparisons suggest that using higher order filters with high cutoff
frequencies is preferable to using low-order filters with low cutoff frequencies.
Although the preceding discussion centered on selecting anti-alias filters, sim-
ilar conclusions apply to reconstruction filters provided that the control filters
are designed to reduce output levels above f,. Unfortunately, the cost of imple-
menting high-order filters will exceed the cost of using low-order filters. As a
consequence, the performance benefits must be balanced against considerations
of additional cost, as will be discussed further in the example ANVC system
in Section 18.7 under MIMO Feedforward Active Locomotive Exhaust Noise
Control System with Passive Component.

Analog-to-Digital and Digital-to-Analog Converters. A typical data path
from sensor input to actuator drive signal was shown i Fig. 18.77. That figure
Hlustrates the use of both types of data converters required for implementing
digital controllers, namely A/D and D/A converters. The purpose of A/D con-
verters is to sample the continuous-tume signals from the sensors at uniform time
mtervals (7; = 1/f,) and quantize the amplitude to a discrete set of amplitude
levels. Because the sampling process is a nonlinear operation, anti-alias filters
are typically used to band limit the sensor signals below the Nyquist frequency
(fs/2) before sending the signals to the A/D converter. This minimizes the possi-
bility that frequencies above Nyquist will contaminate the sensor response below
Nvquist, which is referred to as aliasing.

Figure 18.79 shows a frequency domain schematic of how anti-aliasing filters
are used i combination with A/D converters to minimize aliasing effects. The
upper curve in Fig. 18.79a represents the spectrum of an unfiltered continuous-
time signal presented at the input of an A/ converter. For an A/D converter oper-
ating at a sample rate of f;, signals above the Nyquist frequency (Fuyq = f:/2)
will be interpreted as frequency below Nyquist. Fig. 18.79¢ illustrates schemat-
ically how frequencies above the Nyquist frequency will fold down into the
frequency region below Nyquist. The estimated spectrum below Nyquist will be
the sum of the true spectrum below Nyquist plus any aliasing components resuit-
ing from the frequency content of the signal that is above the Nyquist frequency.
As a consequence, aliasing components can cause the estimated spectrum. to dif-
fer from the true spectrum of the signal in the frequency region below Nyquist.
Anti-alias filters are typically used to band limit the signals prior to the conver-
sion process {o reduce the magnitude of any aliasing components. Figure 18.79
is a plot of the magnitude response of an anti-alias filter designed to 1eject fre-
quencies above the Nyquist frequency. When this filter is applied to the unfiltered
signal of Fig. 18.79a, the resulting spectrum of the signal presented at the input
to the A/D converter 1s that shown in Fig. 18.79¢. As shown n this figure, much
of the effects of aliasing components on the estimated spectrum are removed,
thus ensuring that the estimated spectrum is a more accurate represertation of
the true spectrum of the signal below the Nyquist frequency.

Digital-to-analog converters are used to convert the digital sequences from
the controller into analog signals that can ultimately be used as drive signals
to actuator electronics. In the frequency domain, the sample output sequence
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produces a spectrum that contains “images” of the signal spectrum below the
Nyquist frequency, which occur at frequencies above the Nyquist frequency.
These image spectra are shown schematically in Fig. 18.80. The effects of the
images must be minimized. Otherwise, the controller will drive the actuators
at frequencies above the Nyquist frequency, resulting in increased out-of-band
noise amplification. These out-of-band effects are reduced to some extent by the
sample-and-hold (S&H) functionality that is infegral to most D/A converters.
As discussed earlier, the S&H introduces a delay equal to one-half the sample
interval (7,/2). In addition, it provides some filtering of the output spectrum, as
illustrated in Figs. 18.805 and 18.80c. To suppress the remaining signals above
the Nyquist frequency, D/A converters are typically followed by smoothing or
reconstruction filters. The effect of applying reconstruction filters on the D/A
output signal is shown in Fig. 18.80e.

Two basic types of A/D converters are applicable for use in ANVC. systems.
The first type is referred to as “successive-approximation” (SA) A/D converters.
The second type is referred to as “sigma—delta” (5 A) A/D converters. Table 18.1
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FIGURE 18.80 Use of reconstruction filters to reduce image spectra at the output of
DIA converters: {a) spectrum of digitized output signal at sample rate f;; (b) magni-

* tude response of zero-order sample-and-hold integral to D/A converter; {c) spectrum of

analog output of D/A converter prior to reconstruction filter; (d) magnitude response of
reconstruction filter; (e} spectrum of analog signal at output of reconstruction filter.

compares some of the important features and differences between these two types
of converters.

The choice of A/D converter for an ANVC application will depend on the con-
trol architecture {i.e., feedforward or feedback), the type.of sensor signals (ie.,
reference or residunal sensors), and the performance goals. For broadband ANVC
applications that require minimal latency through the controller (e.g., reference
sensors in a feedforward system or residual sensors in a feedback system), the
delay associated with £ A A/D converters i1s unacceptable. As a consequence,
SA A/D converters should be used for those applications, and the extra cost of
the converters and anti-aliag filtering should be included in the total cost of the
ANVC system. We note, however, that low latency 1s not a necessary requirement
for the residual sensors of a feedforward implementation. These sensor signals
are used in the design of the control filters but are not themselves filtered by

‘the control filter to produce output signals to the actuators. However, the latency

associated with T A A/D converters used on the residual signals will be seen as a
delay in the plant transfer functions. This added delay will in turn reduce allow-

able convergence coefficients for LMS-based algorithms®® but does not prechude
their use.




822 ACTIVE CONTROL OF NOISE AND VIBRATION

TABLE 18.1 Comparison of Successive-Approximation and Sigma-Delta A/D
Converters

Successive-Approximation Converters Sigma-Delta Converters

Sample input signal at rate f; Over sample mput signal nominally at 64
times desired sample rate (i.e.,
foa =641
Require use of relatively high-order Only low-order (if any) anti-alias filters
antt alias filters to bandlimit requured to bandlimit signals below
signals below Nyquist frequency fea/2. Integral high-order (linear-phase)
digital filters bandlimit signal below
Nyqust frequency (f;/2). Output 1s
decimated (i.e., keep only every 64th
sample) to produce sampled sequence at
[s sample rate.

Low latency (on the order of a few High throughput latency (typically 3275,
sy where 75 = 1/f¢)
Quantize signal at multiple bit levels One-bit quantization at oversampled rate to
{e.g., 12 or 16 bits) provide comparable multi-bit quantization
{e.g.. 12 or 16 bits) at f; sample rate
Relatively expensive compared to Relatively inexpensive compared to SA
A converters converters

When low latency is not required, the use of TA converters can significantly
reduce the costs associated with digitizing the sensor signals. For example, a
tonal feedforward ANVC system can use a £A A/D converter to digitize the
reference signal. As before, digitization of the residual signals for this example
can be done using XA A/D converters, provided that the extra delay is acceptable
in terms of convergence rate (if adaptive algorithms are used). The choice of
D/A converter 1s governed by similar arguments concerning allowable latency.
For instance, when low latency is not required, £ A D/A converters can be used.
Alternatively, when latency must be mimmized, conventional D/A converters
should be used.

For most ANVC applications, it 1 desirable to initiate the sampling across all
A/D converters using a common clock signal. In this way, all A/D mputs will
be synchronously sampled. Similarly, it is advantageous to sample all the D/A
converters using a common clock signal as well. The D/A converters could be
clocked using the same clock pulse as for the A/D converters; however, to min-
imize latency through the controller, it is useful to offset the D/A clock relative
to the A/D clock. In this way, subsample latency can be achieved by sending
signals to the D/A when they are ready, as opposed to waiting for a full sample
period.

The final aspect of converter selection is quantization noise. When analog
signals are quantized to a finite number of amplitude values (e.g., 16-bit A/D
converter), the errors in the conversion process can be thought of as noise. For
the signals of interest for ANVC, this noise is modeled as uniformly distributed
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from—LSB/2 to LSB/2. Here, L.SB stands for the least-significant bit and is
given by
1%

where V corresponds to the voltage range of the converter (i.e., V) and M s
the number of resolution bits (e.g., 16 for a 16-bit converter). For the assumed
uniform probability distribution of the noise, the tms of the quantization noise
(ONyys) 18 equal to

LSB
ONpys = E (18.95)

For a sample rate f;, the spectrum of the quantization noise (QNpsa()) is white
(L.e., flat) with a power spectral density (PSD) amplitude given by

LSB%/12

QNpsd(f) - _fT/Z_

(18.96)

As an example, for a 16-bit converter with a voltage range of 10V and a
sample rate of 1 kHz, the tms quantization noise [from Eq. (18.95)] is 88 .V,
and the PSD level is ~108 dB re 1 V¥/Hz.

At this point, it is useful to compare plots of

o the expected signal levels (in volts from the sensor),

e clectrical noise floors (associated with the sensors, analog filters, and gain),

and
e quantization noise.

To support a commeon comparison, all of these voltage levels should be referenced
to a common point in the signal path (e.g., the amplifier input). These plots should
be generated corresponding to both open- and closed-loop sensor responses. Sen-
sor sensitivities, signal gain, and quantization noise can then be assessed within
a cormmon framework. The goal is to choose each of these to ensure that sensor
signals will have sufficient signal-to-noise ratio (SNR) throughout the bandwidth
of interest.

To illustrate some of the issues related to A/D converter selection, consider
the example shown in Fig. 18.81. The various curves grouped i the center of
this plot correspond to the expected signal levels from multiple residual sensors,
expressed in dB re V2/Hz, referenced to the tput of a bank of sixth-order Cauer
filters. The filters are used to provide anti-alias filtering as well as programmable
gain for these channels. The cutoff frequency is approximately 800 Hz. The
power spectral density of the noise from the anti-aliasing filters at their input
(labeled PFI noise in the figure) falls between ~155 dB and —150 dB re 1 V¥/Hz.
The spectral density of the sensor noise floor reference to the filter input is
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FIGURE 18.81 Comparison of signal level versus electrical and quantization noise.

approximately —130 dB re 1 V2/Hz at 2 Hz and drops to —145 dB re 1 V*/Hz
at 100 Hz.

The rms levels for the sensor signals (needed for quantization moise esti-
mates as indicated below) are determined by integratmg the mean-square voltage
responses across frequency and -taking the square root. For these spectra, the
largest rms level is approximately —57 dB re 1 V. Assuming the statistics of
these responses is random (i.e., with a crest factor of 4 or 12 dB), a peak volt-
age response for this group of sensors 1s estimated to be approximately —45 dB
re 1 V. The spectrum level of the digitization noise (at the filter input) can
be estimated from Eq. (18.96), where the voltage V in Eq. (18.94) is taken
(at the moment) to be the peak voltage of the sensor signals (i.e., —45 dB re
1V = 5.5 mV). As such, the spectral levels of digitization noise for 12~ and 16-
bit converters, assummg a sample rate of 2 kHz, are —152 dB and —176 dB re
1 V2/Hz, respectively. The SNR for these sensor measurements is a function of
frequency and corresponds to the spread in-decibels between the estimated signal
responses and the maximum of the electrical noise (from filters and sensors) or
the digitization notse. The SNR is nearly 30 dB throughout the frequency band
of concern.

For the example shown in Fig. 18.81, it is sufficient to use a 12-bit converter
since the SNR is limited by sensor noise as opposed to digiization noise up
to about 100 Hz. Above that frequency, the SNR will be limuted by digitiza-
tion noise if a 12-bit converter is used or by PFI noise if a 16-bit converter is
used. Furtber, if the converter (12- or 16-bif) has a voltage range of =1 V, the
programmable gain should be set at approximately 33 dB to allow 1-2 bits of
headroom to avoid clipping.

The example case in Fig. 18.81 illustrates the refatively complex interde-
pendencies that must be considered when selecting ANVC hardware to ensure
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adequate SNR, which i general will be a function of sensor noise and sensitivity,
anti-alias filter noise, A/D converter quantization noise and voltage range, system
gamn, and sample rate.

Digital Signal Processors. As discussed earlier, the rapid growth in ANVC
systems and applications over the past 25 years can be traced in large part to
the advent of DSP chips. These chips are optimized to perform operations on a
sample-by-sample basis. That is, these chips read in data one sample at a time,
perform large numbers of computations, and then output a sample. This is
contrast to other central-processing units (CPUs) that read in groups (i.e., buffers
or blocks) of data, operate on the entire buffer, and then output buffers of data.
These later processors can often perform larger numbers of computations than
DSP chips, but their latency is on the order of thé block size.

Digital signal processors are ideally suited to perform the low-latency digital
filtering required by ANVC algorithms. As such, they are widely used in the
design of adaptive control systems based on the algorithms presented in thus
chapter. In addition, current DSP technology supports high-speed communication
between DSPs to support applications with large numbers of inputs and outputs
(e.g., many tens of inputs and outputs) as well as large digital filter sizes (e.g., IR
filters with over 5000 taps per filter). For these large-scale problems, efficient low-
latency implementation of the digital filters can be achieved by combimng DSPs
with high-powered CPU compute engines such as PowerPC (PPC) chips. Further,
the relatively large latency associated with the PPC chips may be acceptable to
perform much of the “off-line” algorithms associated with system identification
and control filter design when using direct estimation as opposed to adaptive
filter algorithms.

Once the control algorithms have been selected, the computation and memory
requirements can be determined for all “in-line” filtering and “off-line” processes.
These requirements should then be mapped to DSPs and PPC chups, as necessary.
Floating-point DSPs such as the TMS320C6701 are rated at 1 Gfiop and include
up to 128 MB of fast-access memory. Compute engines like the PPC7410 are
rated at 2 Gflops with up to 512 MB of local memory. In addition, PC or VME
(workstation) boards are currently available with up to four of each type of pro-
cessor per board and support high-speed communications between processors on
a given board as well as processors located on other boards. These processor-to-
processor communications are supported by high-speed interconnect architectures
such as Mercury RACE*™, Spectrum DSPLink, and SKYchannel.

As an example, Fig. 18.82 shows the hardware architecture for a large-scale
ANVC system incorporating both DSPs and PPC chips, including high-spesd
communication over a Mercury RACEWAY interconnect. The signal path from
the reference sensors to the actuator drive signals includes high-order anti-alias
and reconstruction filters with cutoff frequencies near the Nyquist frequency.
Successive-approximation converters are used to rumimize latency associated
with the conversion. A combination of DSPs and PPC chips are used to efficiently
mmplement the digital control filters to minimize latency.® The residual sensor
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signals pass through anti-alias filters and are digitized using sigma—delta convert-
ers. These data support off-line functionality associated with system identification,
control filter design, and probe-signal injection, which are performed on multiple
PPC chips. Communications between the DSPs and PPC chups are primarily car-
ried over Mercury’s RACE™™ interconnect bus, with additional communications
ocecurring over the VME bus. In this way, the compute power associated with
PPC chips can be used to efficiently perform off-line functions (e.g., direct esti-
mation of plant and control filters), which can be passed to the in-line processors
(DSPs and PPC chips) to support adaptation of the control filters.

Finally, we note that fixed-point DSPs as well as floating-point DSP devices
are available. The floating-point devices are much easier to program and are
often chosen for proof-of-principle systems or for final systems that are not
highly cost sensitive. When cost 1s a driving issue, fixed-point devices should be
considered. The final choice must balance the higher nonrecurring cost associated
with programming fixed-point devices and the potential mcreased CPU overhead
due to implementing floating-point arithmetic on a fixed-peint device against the
lower recurring per-unit cost

Control System Implementation and Testing

Once the simulations and hardware selections have been made, the control system
1s implemented and performance tests are conducted. In this section, we discuss
the basic operating modes and features of a controller that should be considered
during implementation to support the subsequent testing phase.

For each of the modes discussed below, parameters that can be changed dur-
ing system operation (referred to as “soft” parameters) and those that cannot be
changed during operation (referred to as “hard” parameters) must be identified.
Soft parameters provide the flexibility to modify and tune certain parameters dur-
ing system operation, which is often an invaluable feature in prototype systems.
Allowing parameters to be changed “on-the-fly,” however, adds complexity to
the implementation. As such, lists of desired soft and hard parameters should
be identified early on in the implementation phase so that the appropriate com-
munications between a user interface and the embedded controller codes can be
inclnded. The typical operating modes and features of a controller are summa-
rized in Table 18.2, including references to soft parameters that are useful in
supporting each mode.

As indicated, an ANVC controller will typically have two primary operating
modes, namely system identification and control. The purpose of system iden-
tification is to estimate the transfer functions (or equivalently umpulse response
functions) from the actuator control signals to sensor responses (both references
and residuals). This identification is initially performed with the control filter
set to zeros but can subsequently be performed during closed-loop operation,
as discussed in Section 18.4 under System Identification. Once an initial plant
estimate has been obtained, operational measurements of the system responses
are obtained to characterize the “uncontrolled” (i.e., open-loop) response. These
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TABLE 18.2 Controller Operating Modes and Features

Operating Mode Description and Features

Open-loop characterization of system Collect measurement of residual sensors

response during normal “uncontrolled” (i.e.,
open-loop operation)

Estimate plant models between actuator
drive signals and sensors. Soft parameters
include probe strength, adaptation
coefficients, leakage coefficients,
regularization parameters, and actuator
channel selection.

Collect measurements of residual sensors
during “controlled” (i.e., closed-loop)
operation. Soft parameters include
adaptation and leakage parameters,
control effort and robustmess weighting
parameters, and regularization parameters.

Collect measurements of residual sensors
duning “controlled” (i.e.. closed-loop)
operation, while probe signals are
injected for the purpose of closed-loop
system identification. Soft parameters
include those cited above for system

"~ 2identification and closed-loop operation.
In addition, software flags should be
included to initiate use of updated plant
models in the control filter design
algorithm.

All controller nformation necessary 1o
restart the controller should be saved.
This includes, plant and control filter
coefficients, all hard and soft parameters,
operating mode. and probe signal path

Open-loop system identification

Closed-loop operation with filter
design based on open-loop
response and system identification

Concurrent closed-loop system
identification and control-filter
adaptation

Save operational “state”

parameters.
Load saved “state” and restart Load in a saved “state” and start operation
controller using saved parameters and filters.

responses are also used to design control filters to support operation in the control
mode. Once in the control mode, probe signals can be injected to support closed-
loop system identification and to support adaptation of control filter coefficients.
Soft parameters can be adjusted to optimize performance. Closed-loop system
responses should then be collected and compared with open-loop responses to
evaluate system performance versus performance objectives and goals.

The final two rows of Table 18.2 mdicate the desire to be able to save the
“state” of the controller at any point in time. By state, we mean all coniroller

parameter values and filter coefficients are saved for the purpose of restarting the.
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system at that state 1n the future. As such, the controller can be started from a
closed-loop operating state or from some iitial operating state (e.g., open loop).
1t 1s convenient for prototype systems to include a graphical user interface (GUI)
through which operation mode, soft parameter values, performance assessments,
and save/load state functionality can be monitored and controfled. Once an ANVC
system has been successfully tested, values of $oft parameters and logic for
progressing from open-loop to closed-loop operation can be automated within
the software, thus resulting in a stand-alone ANVC system.

18.7 EXAMPLES OF ANVC SYSTEMS

In this section we present three prototype active systems that illustrate the appli-
cation of the principles outlined in the previous sections of this chapter. All of
these systems were developed to demonstrate the technology and one is currently
operational on a complete class of U.S. Navy ships. All three demonstrate the
effectiveness of active noise and vibration control technology when appropri-
ate design procedures are followed. The first example involves the synergistic
application of a combination of active and passive noise reduction treatments. The
example demonstrates the successful control of a source of noise that would have
been difficult using only passive or only active approaches. The second example
demonstrates the application of feedback technology fo the control of both broad-
band and narrow-band vibration transmission through a vibration isolation mount.
The final example illustrates the use of active noise control technology to generate
a zone of silence in a noisy environment.

MIMO Feedforward Active Locomotive Exhaust Noise Control System
with Passive Component

Problem Description. When operated at full power diesel-electric locomo-
tives generate significant noise and can have a significant adverse impact on
the quality of life near major railroad lines. The sources of noise are shown m
Fig. 18.83.%5 Ag indicated in the figure, the primary sources of diesel-electric
locomotive noise are the engine exhaust and the cooling fans, both of which
must be reduced before significant noise reductions can be realized. The active
noise control systern developed for this application focused on just the exhaust
noise, fully recognizing that later efforts would have to attack cooling-fan noise
if significant overall locomotive noise reductions were to be achieved. Active
technology was considered for this application because locomotive exhaugst noise
is significant at very low frequencies (below 40 Hz), and passive noise control
treatments (e.g., dissipative or reactive mufflers) that could achieve the desired
noise reduction would simply be too large to fit in the space available.

The basic concept for the system®>¥ is illustrated in Fig. 18.84, where a plan
view of the top of the locomotive hood is shown near the exhaust stack. The figure
shows a number of loudspeakers, the control actuators, surrounding the exhaust
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FIGURE 18.83 Noise sources on an SD40-2 diesel electric locomotive measured at
100 ft with the locomotive running at throttle 8 at full load.
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FIGURE 18.84 Plan view of the locomotive hood with the basic system concept.
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stack and a number of control microphones located near the edge of the hood
that will act as the residual sensors. It was determined based on exhaust noise
measurements that at low frequencies where the active syster would be designed
to operats, the noise was primarily tonal and so a feedforward architecture was

selected that used a tachometer on the locomotive diesel engine as the reference
signal.

Performance Goals. Based on the source information in Fig. 18.83, it was
decided that 10 dBA of overall reduction in exhaust noise would be desirable to
have a significant mmpact on community noise (assuming of course that cooling-
fan noise would eventually be similarly reduced). After examining the locomotive
exhaust noise spectra we determined that to achieve 10 dBA of overall noise
reduction would require that the exhaust noise be controlled out to at least 5 kHz.
Since extending the bandwidth of the active system out-to so high a frequency and
requiring broadband control would place excessive demands on the technology,
we decided on a hybrid approach. At low frequency where the noise 1s primarily
tonal we decided to employ an active system. At high frequency where the nose
is primarily broadband in character we determmed that a passive silencer would
be most advantageous. Such an approach is desirable because active technology
18 well developed for the control of low-frequency tonal noise and at high fre-
quency passive silencers can be effective without having to be large in size. Both
technologies were required because we found that

e active control of tones in the exhaust below 250 Hz with no broadband
control at the higher frequencies would result in Jess than 1 dBA of noise
reduction and

» no control of tones in the 0-250-Hz band would limit the maximum reduc-
tion of exhaust noise to ~5 dBA.

We ultimately decided that 10 dBA of exhaust noise reduction could be achieved
with

s an active system providing 10 dB reduction of exhaust tones below 250 Hz
along with

« 2 passive silencer providing 5 dB of broadband noise reduction from 250
to 500 Hz and 15 dB reduction from 500 to 5500 Hz.

Figure 18.85 shows the silencer designed to provide the above noise reduc-
tion performance. It i3 a very compact design with the center body and side
chambers designed to provide the necessary msertion loss while maintaining the
back pressure low enough to meet locomotive diesel engine specifications. The
silencer was designed to allow the speaker enclosures to surround it, with the
whole assembly fitting within a protective enclosure in the engine compartment.
While the passive silencer was a critical component 1 the entire system design,
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FIGURE 18.85 Compact passive silencer design.

we focus here only on the active system. Details on the passive silencer can be
found in references 86 and 87.

Number and Location of Actuators, We began the design process by deter-
mining the number and location of control actuators (Joudspeakers). Figure 18.86
shows a typical arrangement of actuators that we examuned in simulations in
which the exhaust stack and control actuators were treated as point sources. In
the simulations we formed a matrix of trafisfer functions relating the sound pres-
sure at 90 locations in the horizontal plane 30 m from the exhaust stack to the
control speaker volume velocities at 32 speaker locations around the exhaust
stack, as illustrated in Fig. 18.86. Figure 18.87 shows the ratio of the significant
singular values to the largest singular value as a function of frequency for that
transfer function matrix. In principle the number of significant singular values
tells us the mimimum number of actuators needed to provide significant con-
trol of the source. We found (not surprismgly), while carrying out calculations
of this type, that the munimum number of singular values (control sources) was
achieved when the control sources were placed as close as possible to the exhaust
stack. Consequently, we carried out a prelimmary design of the control speaker
enclosures to determine a realistic minimum spacing between the exhaust stack
and the enclosure outlets. The calculations in Fig. 18.87 were carried out for
that munimam spacing. The figure shows that at 250 Hz eight singular values
(including the largest) le within 20 dB of the maximum. Since we are looking
for only 10 dB reduction in noise, the use of eight actuators arranged as shown
in Fig. 18.85 seemed to be a conservative choice. The performance predicted by
this arrangement is shown in Fig. 18.88. While the noncausal noise reduction
predicted by this calculation is much larger than we would expect to achieve,

it was comforting to see that eight control actuators seemed to be more than
adequate.

Number and Location of Control Sensors. The evaluations in the previous
section placed the control senmsors in the far field. In reality the microphones
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FIGURE 18.88 Predicted far-field-performance of eight control actuators.

will have to be placed somewhere on the locomotive hood. Consequently, we
developed an additional set of transfer function matrices relating the sound pres-
sure at candidate control microphone locations on the locomotive hood to control
speaker volume velocity at the previous 32 locations around the exhanst stack.
We then determined the volume velocity required to minimize the pressure at
the control microphones and then used those values with the previous transfer
function matrix to predict the reduction in far-field pressure. Figure 18.89 shows
the results of that calculation for a number of different control sensor locations.
The solid curve in the figure 18 for the final control sensor placement, a line of
four sensors along the two edges of the locomotive hood, similar to that shown
in Fig. 18.84. A number of calculations of this type were used to help in the
selection of control sensor locations. Other issues that came into play in the
selection included the degree of dominance of exhaust noise over other sources
at the candidate sensor locations, interference with other locomotive components,
heat, and routing of cabling.

Control Actuator Design. The simulations for control sensor placement can
provide, as part of the calculation, the estimated volunme velocities required from
the control speakers, provided realistic values of the uncontrolled sound pressure
at the control sensors are used in the calculations. Measurements of the sound
pressure at various locations on the hood of a test locomotive were acquired 1o
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FIGURE 18.89 Predicted far-field noise reduction of eight control actuators with vari-
ous configurations of eight control sensors.

provide those data. Simulations were then performed to determine the optirum
control speaker volume velocities. That information was used in the selection
of the control speakers and the design of the speaker enclosures. The enclosure
design is shown in Fig. 18.90. Two different enclosure geometries were required
to allow the necessary number of enclosures to fit in the space available around the
exhanst duct. Each enclosure contains two 12-in.-diameter high-fidelity speakers
and 13 designed to provide bandpass frequency response, enhancing the volume
velocity in the 40-250-Hz frequency range. The enclosure—speaker system was
designed using a commercially available computer program.

Figure 18.91 shows the arrangement of the control speaker enclosures around
the exhaust stack. By careful design we were able to fit 10 enclosures in the
space available. However, we retained only eight independent channels to drive
the speakers. Because the simulations indicated that very high volume velocity
would be required of the speakers on the centerline of the locomotive, we placed
two speaker enclosures on each side of the centerline, as indicated in Fig. 18.91,
rather than a single one on the centerline. We then drove each of the two pairs
of enclosures with a single controller output channel.

Control Architecture. As indicated above, we decided early in the design
process to use a feedforward control architecture since the technology is well
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FIGURE 18.91 Control speaker arrangement in the locomotive.

developed for tonal control problems. A simplified control block diagram 1s’

shown in Fig. 18.92. The figure shows the typical adaptive MIMO LMS ﬁltere;d—
x architecture with eight control filters and an 8 x 8 plant transfer function matrix.
A more detailed block diagram is shown in Fig. 18.93, where probe injection is
shown for plant identification along with the additional LMS blocks for estimating
the plant while minimizing the noise in the estimate.
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Hardware Selection. We decided early in the design process to use 12-bit
successive-approximation A/D converters, since the lower discretization noise
associated with 16-but converters was not needed in this application. A commer-
cially available mput—output (1/O) board from Loughborough Sound Images was

found that provided 16 input channels (A/D converters) and 8 output channels

{sample-and-hold D/A converters) and in addition provided third-order low-pass
Butterworth filters for anti-aliasing and reconstruction. We decided to use the on-
board filters because providing a separate set of filters would have been too costly.
Since these filters roll off very slowly with increasing frequency, we needed to
use a sampling frequency much higher than would be needed to achieve the
desired control bandwidth. Consequently, we sampled at 2000 Hz and set the
cutoff frequency of the filters to 720 Hz; however, in the control computations



838 ACTIVE CONTROL OF NOISE AND VIBRATION EXAMPLES OF ANVC SYSTEMS 839

we downsampled the digital signals by a factor of 4. This gave us an effective
sampling rate of 500 Hz and a control bandwidth on the order of 250 Hz.

Estimates of computational load and memory requirements for the application |
are shown in Table 18.3. These estimates were based on up to 200 taps for each of
the plant filters and 180 taps for each control filter. The table is divided into two
functions: in-line control and system identification. In-line control is the function
associated with implementing the control algorithm and system identification is
the measurement of the plant transfer function, which must be updated period- )
ically to maintain good control performance. It was decided to use two Texas | _a_._,.JL.w
Instruments TMS320C44 DSP chips available on a commercially available car-
rier board from Loughborough Sound Images. The board provided more than
sufficient memory for the two operations. Each DSP chip is clocked at 60 MHz
and is capable of up to 30 million floating-point operations per second (Mflops).
It was decided to separate the two functions mentioned above with the primary
DSP providing all of the control processing and the secondary DSP carrying out
all of the system identifications tasks.

® Microphone

Exhaust
stack

] ) FIGURE 18.94 Microphone locations for the evaluation measurements.
System Performance. The control system described above was implemented

on an F40PH passenger locomotive operated by Chicago Metra, a commuter rail
line in the Chicago metropolitan area. Testing was carried out at the 51st St. 120
Rail Yard in Chicago. The microphone locations for the evaluation are shown in
Fig. 18.94. The number of available micrpphone locations was limited because
of the presence of other equipment and structures in the yard that would have
interfered with the acoustical evaluation. Uncontrolled measurements were made
before installation of the passive silencer. The performance of the system was
then measured with the passive silencer in place and with the active system
turned on and turned off.

Figure 18.95 shows the reduction of the tonal noise at microphone 5 on the
roof of the locomotive due to the use of the active system for the locomo-
tive operating loaded at throttle 4.* The figure shows significant reduction of
all of the important tones with some amplification of the low-amplitude tones.
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TABLE 18.3 DSP Computation Requirements for
the Active System

Sound pressure level, dB// 20 micro Pa
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Operation MFLOPS Memory (Kbytes) Hi. w !
Conirol 2.4 107 L
System identification 9.6 10 ) 80 ) ) ! ! ! . .

Total 32.0 117.0 0 50 100 150 200 250 300 350 400

Frequency, Hz

*The locomotive diesel engine was loaded by passing the power from the altemator driven by the
engine through the locomotive dynamic brake grids (large resistors cooled by the dynamic brake
fan). The locomotive can be operated unloaded at idle and can be operated loaded or unloaded
any one of eight throttle setting. Throttle 1 corresponds to the lowest speed and lowest power and
throttle 8 is the highest speed at full power.

FIGURE 18.95 Nouse reduction performance of the active system at throttle 4 loaded
as measured at a microphone on the roof of the locomotive.
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TABLE 184 Estimated Noise Reduction at the Far-Field Microphones

Throttle Load mic 5 mic 1 mic 2 rmc 3 mic 4
idle unloaded 5.1 52 6.5 6.1 6.4
hi idie unloaded 8.7 6.5 89 58 7.4
t4 unloaded 6.9 52 4.1 5.6 54
t6 unloaded 77 6.6 5.6 6.4 6.0
8 unloaded 5.8 —0.1 3.7 6.2 4.7
i4 loaded 6.4 5.2 4.1 4.7 4.6
t6 loaded 4.3 -1.9 1.2 2.8 1.7
i8 loaded 6.9 2.9 6.5 6.6 6.6

The reduction of the overall sound level below 250 Hz 18 in excess of 12 dB.
Table 18.4 shows the overall A-weighted noise reduction due to the passive
silencer and active system operating together. The reductions are somewhat less
that the 10-dBA goal but are still significant for most operating conditions and
for most microphone locations, showing that the hybnid active—passive system
has provided significant broadband global noise reduction.

Active Machinery Isolation -

Problem Description. 1t 1s difficult to achieve desired vibration 1solation at
low frequency using passive machmery mounts. Often, to achieve low-frequency
isolation, two-stage isolators are employed, which incurs a very large weight
penalty for the intermediate mass between the two isolators. In some applications,
such as marine vessels or amcraft, the weight of the intermediate mass has an
adverse economic and vehicle performance impact.

The forces transmitted into machinery foundations generally contain natrow-
band and broadband components. Reduction of the continuous or broadband
spectral components as well as the discrete or narrow-band spectral components is
often necessary to meet noise or vibration goals. In addition, the tonal frequencies
of the narrow-band excitation can change quite rapidly with time due to changes
in operating speed. Further, the plant transfer function (i.e., the transfer funetion
between the drive signal to the actuator and the sensor response) 18 expected to
vary with tume.

Finally, the machinery foundations of interest are often complex, large, dis-
tributed mechanical structures that are lightly damped and have a large number of
resonant modes 1n the frequency range of iterest. Thus, typically, plant transfer
functions are of high order with high-Q respounse components. Moreover, the
order (e.g., complexity) of the plant increases as the bandwidth of the controller
18 increased.

Based on the above observations, the control problem 1s defined as follows:

» Provide both narrow-band and broadband reduction of forces transmitted
into the machinery foundation structures.
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¢ Adapt rapidly to variations in the tonal frequencies of narrow-band
excitations. Adapt at a relatively slower rate to variations in the plant.

« Minimize controller bandwidth to minimize complexity of the plant transfer
function and consequently the controlier.

s Provide the desired performance while avoiding out-of-band vibration
amplification.

The final item is based on our-experience with applications which require in-
creased 1solation performance within a certain frequency range but which will
not tolerate significant degradation in isolation system performance outside the
regulation bandwidth of the active system. Acceptable levels of out-of-band
enhancement (i.e., noise amplification) are typically 2—3 dB.

In the following section, we describe an active isolation system designed to
meet these requirements, We consider a feedback algorithm, because in general
there is not a suitable reference sensor available to achieve broadband control
using feedforward control. Although this discussion pertains to SISO control, the
algorithms and control architecture are extensible to MIMO control.

Description of Control Strategy.

Real-Time Control Processing The basic real-time controller structure is sho-
wn in Fig. 18.96. This is the compensator-regulator architecture that was intro-
duced in Section 18.5, where the plant, designated as P(w) in Fig. 18.96, is the
transfer function between the output of the controller and the net force transmitted
to the foundation.

The controller is implemented as a cascade of two filters because we wish
to adapt the low-order regulation filter coefficients quickly to track changes in
the center frequency of narrow-band components of the disturbance. At the same
time, we choose to adapt the relatively high-order compensation filter at a slower
rate to track changes in the plant transfer function.

Adaptation Proceésing The full functionality of the adaptive controller is
shown in Fig. 18.97. The “concurrent adaptation processing” block provides two
types of adaptation:

Disturbance Residual
response + response €
(5 o

d

Control Control
response Plant s

1 Plw)

FIGURE 18.96 Feedback compensator regulator.
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FIGURE 18.97 Controller functionality.

1. Variable narrow-band center frequency adaptation:

e measurement via a tachometer (or other distinct speed or repetition rate
meastrement sensor) and a tracking filter of the center frequency of
narrow-band response due to periodic excitation and ‘

s computation and updating of filter"coefficients of the digital narrow-band
regulation filters based on the currently measared center frequency and
rate of change of the center frequency.

2. Variable plant adaptation: )

» system identification in the sense of plant frequency response estimation

and :

» computation and updating of filter coeffictents of the digital broadband
compensation filter.

System identification 1s performed during closed-loop operation using the pro-
cedure outlined in Section 18.4. The major aspects of this procedure include (a}
inserting a low-level calibration signal, which 1s uncorrelated with the external
disturbance, into the compensation filter; (b) estimating the cross-specira of the
calibration signal with both the plant input and output; and (c) estimating the
plant transfer function as the ratio of these two cross-spectra. Details of the
processing of cross-spectra to estimate the plant as well as the design and injec-
tion of a covert probe signal are also discussed in Section 18.4 under System
Identification.

The probe signal is sufficiently low 1n level that 1t does not add appreciably
to the residual, and its bandwidth 1s matched to the full compensation band.
Although it is low level, a good-quality estimate of the plant transfer function
can be obtained with sufficient averaging time. In the performance plots that
follow, estimates of the plant were updated approximately every 2 min.
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Since we are concerned with a lightly damped mechanical structure and rela-
tively large compensation bandwidths (e.g., 800 Hz), a FIR filter implementation
of the compensation filters would have required a large number of coefficients.
To reduce both the off-line and on-line computation load, we opted to use IIR
filters designed by a multistep Yule—~Walker method.

Hardware Description. Figure 18.98 presents a block diagram of the con-
troller hardware. The algorithmic functionality of the controller is performed by
four TMS320C30 DSP chips operating in parallel. The allocation of controller
functionality to the individual DSP processors can be summarized as follows:

In-Line Processor. Performs the digital filtering of the regulation and compen-
sation filters for the w-line data path.

Desamp Processor. Respounsible for all off-line tasks associated with gen-
erating the desampled data buffers presented to the system identification
algorithm. Replication filters and reference signal processing are also per-
formed in this processor.

Sys_ID Processor. Performs the system identification and compensation filter
weight algorithms. The compensation filter weights are then copied to the
in-line processor.

Monitor Processor. Collects data from the other processors and uploads data
to the host for monttoring and evaluating system performance.

Fay
Fy Fs
To actuator from force

sensor

FIGURE 18.98 Controller hardware block diagram.
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The controller implementation mcluded custom-built A/D and D/A converter
boards plus a logic controller board. The controller board provided a high-speed
two-way interface between the DSP processors and the A/D and D/A boards.
Two Sky Challenger boards, each of which contain two TMS320C30 chips per
board, communicated with each other and the host computer over the VME bus
and provide up to 132 Mflop computation rate. A SPARC workstation was chosen
as the host computer,

Performance Example. The controller was connected to a prototype
active/passive machinery mount located between one leg of a 1300-Ib, 140
brake horsepower (BHP) at 2800 rpm, Detroit Diesel model 4-53 engine and
a representative complex foundation structure. A picture of the active/passive
mount and a schematic of the system are shown i Fig. 18.99, A detailed
discussion of the engine, active/passive mount design, and test rig can be found
in reference 88.

The test objectives were to provide at least 15 dB of narrow-band regulation
at the fundamental and next four harmonics of the piston-firing frequency. In

B Passive JREEEIERE MR gine
mount ‘ ; " bracket

roane C Force gauge

actuators j {not visible) |
Engine ;
Actuator
Passive ; Controller I
mount \1
Force
sensor

FIGURE 18.99 Active/passive mount and schematic of system.
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addition, 10 dB of broadband regulation was desired over the frequency interval
from 10 to 80 Hz while maintaining noise amplification below 5 dB outside
the regulation bandwidth. To meet these objectives, a compensation bandwidth
of 833 Hz and the system sample rate of 10 kHz were chosen. Latency of the
digital system (including delay associated with the sample-and-hold on the D/A
converter) was 60 LS.

The closed-loop performance of the active isolation system is shown in
Fig. 18.100. This plot presents the ratio of the open- to closed-loop residual
force transmutted into the foundation structure. As shown in this figure, narrow-
band reductions m excess of 15 dB are achieved at the first five piston-firing
tonals. In addition, approximately 10 dB of broadband regulation is achieved
from about 135 to 80 Hz, which spans most of the frequency nterval contaimng
the tonals. Finally, this performance is achieved while limiting noise amplification
to approximately 5 dB outside the regulation bandwidth. The very fine structure
at higher frequencies of the measured ratio of open- to closed-loop forces, which
sometimes goes below —3 dB, is due to harmonic distortion of the actuators
(which were being driven very hard), rather than any shortcoming of the control
PIrocessor.

Active Control of Airborne Noise in a High-Speed Patrol Craft

The Navy’s new high-speed patrol crafts are powered by four main propulsion
diesel engmes that deliver a total of 13,000 shaft horsepower to a set of four
propulsion shafts. The operation of these engines produces propeller blade rate
tonal noise and broadband cavitation noise that propagate through the hull, pro-
ducimg high noise levels in the aft-crew berthing compartment, which is located

30
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=10
1 10 100 1000

Log frequency, Hz

FIGURE 18.100 Reduction of transmitted force mnto foundation for active/passive
mount refative to passive mount.
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just forward of the propellers. Although extensive passive noise control treat-
ments have been applied to reduce the noise in this compartment {(including
floating floors, double bulkheads, and consfrained-layer damping), the 63- and
125-Hz octave-band and overall (dBA) airborne noise levels exceeded the Navy’s
acoustical habitability specifications. Table 18.5 compares measured third-octave-
band and overall sound levels in the aft-crew berthing compartment for the first
three ships of the class to the noise specification limits.®® These measurements
indicated that reductions in the 63- and 125-Hz octave bands were necessary to
reduce overall A-weighted noise to acceptable levels.

To address this problem, several options were explored for reducmg the low-
frequency noise in the aft-crew compartment.. Because passive treatments are
least effective in this frequency region, several active noise and vibration con-
trol concepts were evaluated. These concepts included methods for both global
and local control, using feedforward and feedback control strategies, and with
digital and analog control hardware. To assess the benefits of each approach,
a set of acoustical trials were conducted initially to measure the operational
noise characteristics, path transfer functions, and compartment acoustical char-
acteristics. These data were used to simulate performance of the various control
options.

The approach chosen for implementation was local control of the sound field
near the head of each bunk using a SISO feedback control strategy. This approach
creates an effective “zone of silence” in the immediate vicinity of the occupant’s
head. This approach is shown schematicalfy in Fig. 18.101. Laboratory simula-
tions using measured data and a mock-up of one rack of bunks suggested that
the necessary reductions at the occupant’s head location could be achieved using
this approach.

The active noise control system for a single bunk is contained within a single
prismatic-shaped enclosure that is located in the upper comer of the bunk above
and behind the occupant’s head. Each unit contains a londspeaker to create the
cancellation noise, a pawr of microphones to sense the noise field to be controlled,
and a microprocessor to compute the cancellation signal in real time. The control
algorithm implemented on the microprocessor was an adaptive feedback algo-
rithm (based on the adaptive Youla transform discussed in Section 18.5) to reduce
both narrow-band and broadband noise. The reading light originally placed in this
location was incorporated into the active noise control (ANC) enclosure design.

TABLE 18.5 Average Aft Crew Berthing Octave-Band and A-Weighted Noise
Levels at Full-Speed™

315 Hz 63 Hz 125Hz 250 Hz A-Weighted

Noise Specification 105 100 95 90 82
Shup 1 98 113 100 88 87
Ship 2 97 104 94 85 85
Ship 3 95 111 96 86 86
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i Power
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FIGURE 18.102 Components of the ANC enclosure.

The components of the ANC enclosure are illustrated in Fig, 18.102. Pictures of
the actual implementation are contained in Figs. 18.103 and 18.104.

The prototype control system described above was evaluated during underway
testing. A narrow-band plot of the measured noise reduction at the occupant’s
head location (not at the control microphones, where greater reductions were
achieved) is shown in Fig. 18.105. This plot compares the noise spectra obtained
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FIGURE 18.103 Faceplate of the ANC enclosure (integrated reading light not shown).

Electronics board

Backside of face plate

Rear of enclosure

FIGURE 18.104 Pictures of the internal components of the ANC enclosuze.

during full-speed operation when the control system was turned off to that when
the control system was turned on. As shown in this plot, reductions at the dom-
inant blade-rate tonals (at approximately 60 Hz) were greater than 15 dB, while
7-10 dB of broadband noise reduction was achieved between 30 and 85 Hz.
Third-octave-band performance is summarized in Fig. 18.106. This summary
shows that the system reduced the third-octave-band levels to below the lim-
its of the Navy’s acoustical habitability specifications, the goal of the program.
Based on extensive testing of the prototype system on one patrol craft, the Navy
contracted for production: units for the entire class of PC1 patrol craft.
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FIGURE 18.105 Narrow-band plot of noise reduction at occupant’s head location dur-
ing full-speed operation.
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FIGURE 18.106 Summary of third-octave-band performance at occupant’s head
location.
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19.1 INTRODUCTION

Noise and vibration are closely related biodynamic environments in terms of
their origins, manifestations, and effects on people. Those effects on people that
are undesirable are often threatening, induce fatigue, compromise working perfor-
mance, modify physiological responses, and harm human systems. At the present
time, avoidance of excessive noise and vibration exposure is the only assured way
to prevent these major hazardous effects.

The practical alternative to complete avoidance is to limit exposures in these
environments to those defined as acceptable by appropriate standards, guidelines,
and damage risk criteria. Scientific exposure guidelines and criteria established
to curtail these effects are vital parts of comprehensive protection programs of
concern to governments, industry; and affected personnel. Most adverse effects
of these commonly encountered mechanical forces on human systems can be
minimized and controlled through engineering and design efforts. Central to these
programs and actions are guidelines and criteria that describe potential damage
risk and/or establish acceptable exposure limits.

Criteria and limits define conditions above which the risk of damage due to
an exposure 1s considered substantial or unacceptable. Noise and vibration crite-
ria describe exposure characteristics and corresponding undesirable effects such
as noise-induced hearing loss, vibration-induced hand—arm vibration syndrome
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(HAVS), and vibration-related spinal injury. Damage risk criteria have been
developed and implemented worldwide. The basic exposure—effects relationships
that underlie these criteria are reasonably well understood and are derived from
observations and experience as well as good laboratory and field studies. The
various criteria contain different limiting values because of variations in inter-
pretations of the basic data and in the rationale used to establish them. The
rationale may include practical, legal, and economic considerations as well as
humanitarian concemns. It 18 very important that the rationale underlying dam-
age risk criteria 1s fully understood by the user to ensure that the application is
justified and accurate.

Estimates of noise and vibration exposures and of their probable effects on
populations are usually expressed in terms of population distribution statistics.
These group population effects are not precise descriptors, and they are not appro-
priate for evaluating an individual. Nevertheless, they are adopted by nations and
incorporated into national regulations and laws. Many become mandatory require-
ments included in governmental and indusirial activities involving exposure of
people to noise and vibration enviropments.

This chapter presents contemporary regulatory and voluntary noise and vibra-
tion exposure standards and criteria along with background information that will
facilitate their understanding and application in engineering control and design.

19.2 DAMAGE RISK CRITERIA FOR THE AUDITORY RANGE

Noise Factor

Permanent hearing loss and its associated problems are clearly the most criti-
cal and widespread of the various consequences of excessive noise exposure.
The extent of damage to the hearing mechanism caused by noise is related to
the amount of acoustical energy reaching the hearing mechanism. Such dam-
age cannot be estimated accurately for an individual because of the variability
of the noise and the susceptibility of the exposed ears. The primary factors in
noise-induced hearing loss are the level of the noise, the frequency content or
spectrum of the noise, thé duration or time course of the noise exposure, and the
susceptibility of the ear.

Exposure limits are defined in terms of level, spectrum, and duration of the
noise. A-weighted sound energy of an exposure is directly related to noise-
induced hearing loss. No other measure of noise exposure provides a better
cause—effect relationship. with hearing loss.! Impulse noise is also included
in this measure for many crteria, as was concluded by a special workshop
on impulse noise.? It was agreed that there is no convincing evidence against
acceptance of A-weighting measurement of all noises from 20 to 20,000 Hz
in determining their permanent threshold shift (noise-induced hearing loss that
does not recover to preexposure levels after cessation of exposures) hazard except
when their unweighted, instantaneous, peak-sound-pressure levels exceed approx-
imately 145 dB. Consequently, exposures are typically described in terms of
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the average A-weighted levels, or the equivalent continuous A-weighted sound
pressure level (Leg), over an average workday.

Practical measures for the prevention of noise-induced hearing loss are cen-
tered in hearmg conservation programs. These programs involve definitions of
acceptable noise exposure, personal hearing protection, monitoring the hearing
of the affected personnel, and appropriate administrative actions to mimmize and
eliminate identified temporary hearing problems before they become permanent.
The basis of a hearing conservation program is the definition of acceptable noise
exposure or exposure criteria that specify the acceptable exposure limits and

_the proportion of the population to be protected. The criteria of various hearing

conservation programs and applications differ in their limiting values.

The parameters of particular exposure criteria are selected to satisfy the needs
of the user. Factors that may influence these selections are various interpretations
of available data, policies or requirements of organizations, and the remaining
uncertainty in the noise exposure—hearing loss databases. Consequently, criteria
may differ m such features as estimates of beginning hearing loss, corrections
for nonnoise effects such as aging, percentage of the. population to be protected,
and the extent of protection to be provided.

The most obvious differences among noise exposure criteria are the sound
level at which the implementation occurs and how the duration of the expo-
sure and the sound level of the noise are combined.® The duration—sound level
relationships are referred-to as time—intensity trading rules, which assume that
damage to hearing is related to total A-weighted sound level and the duration of
exposure time. The equal energy relationship between these parameters results
in the 3-dB rule. This and other relationships are shown in Table 19.1 which
displays permissible noise exposures in A-weighted sound pressure levels for
the cited criteria. The permissible A-weighted level for an 8-h exposure ranges
from 75 dBA for the Environmental Protection Agency (EPA) to 90 dBA for the
Occupational Safety and Health Administration (OSHA).

Most criteria utilize the 3-, 4-, or 5-dB rule. The 3-dB rule is based on the
equal-energy concept and is the most conservative or protective of the three rules.
The 4- and 5-dB rules assume that intermittency and interruptions of exposures
reduce the risk to less than that expected from the total energy. Consequently, a
50% increase in exposure duration corresponds to sound-level decreases of 3 and
5 dB for the respective 3- and 5-dB rules (Table 19.1). Intermittency of exposure
is discussed later in the chapter.

Hearing Sensitivity

The human ear is sensitive to a much wider range of sounds than the generally
cited 20 Hz-20 kHz audio frequency range. A compilation of independent mea-
surerment studies by several investigators using a wide variety of instrumentation
and methodologies shows very good agreement and provides confidence in the
data summarized in Fig. 19.1 Infrasound (<20 Hz) and ultrasound (traditionally
>20,000 Hz but practically above about 12,000 Hz) are normally detected by
the ear only at very high sound pressure levels. The traditional audio frequency
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TABLE 19.1 Equal Energy and Other Trading Rules Used to Define Permissible
Noise Exposures in A-Weighted Sound Pressure Level (dBA) and Exposure
Time (h)

Duration of  Equal
Exposure (h) FEnergy® OSHA EPA NIOSH® Amy Navy Air Force Music

24
16
8 90 90 75¢ 85 85 84 8s
4 93 95 88 88 88 88
2 96 100 91 91 92 91 94¢
1 99 105 94 94 96 94
0.5 102 110 97 97 100 97
025 105 115¢ 100 100 104 100

2Equal energy rule of 3-dB decrease for doubling of exposure applied to a basic 8-h critenion of 90
dBA.

#National Institute of Occupational Safety and Health.

“Threshold for detectable noise-induced permanent threshold shift (NIPTS) at 4000 Hz: exposures
exceeding 75 dBA may cause NIPTS exceeding 5 dB in 100% of the population after cumulative
noise exposure of 10 years.

“Time-averaged A-weighted sound level, in dB, over a 2-h pertod once a week.

¢Ceiling on exposure level and duration.

region (20 Hz-20 kHz) is well deﬁnedwforéstimuli including discrete tones, bands
of noise, speech materials, loudness, comfort, and acceptibility. These databases
provide the information necessary to support the development of noise expo-
sure criteria.

The sensitivity of human hearing for high-frequency sounds (3000—-4000 Hz
and above) gradually decreases with advancing age. This process is called pres-
byacusis. Auditory system components are affected in both the peripheral and
the central nervous systems. Although individual patterns of presbyacusis vary
widely, normative data describing hearing sensitivity as a function of age have
been compiled for various segments of society (some are reported in ref. 5).
Loss of sensitivity due to accident, disease, or substances toxic to the auditory
system is called nosoacusis while that attributed to the noises of everyday living
18 sociacusis. The major high-level noises to which people are exposed are the
occupational environments.

Environmental noise occurs over the full spectrum to which the human audi-
tory system is sensitive. Exposure to various segments of this sensory continvum
produces differential effects on humans. Limiting levels and durations of acousti-
cal exposure are defined for a number of specific portions of this spectrum, which
include nfrasound (0.5-20 Hz), audio frequencies (20 to about 12,000 Hz), ultza-
sound (12,000 to about 40,000 Hz), and impulsive sounds (characterized by rapid
onset and durations of less than 1 s) described in terms of peak sound pressure
level and duration. Some of these limits are well substantiated by experience
and experimental evidence while others remain tentative until more evidence is
available, :
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FIGURE 19.1 Human auditory sensitivity and pain thresholds for pure tones, octave
bands of noise, and static pressure: (@) BENOX (1953), pain MAP tones; (@) pain
static pressure; (@) tickle, pain tones; (1) Bekesy (1960), MAP tones; (A) ISO R226
(19613, MAF tones; () Corso (1963) bone conduction minus 40-dB tones; (O) Yeowart,
Bryan, and Tempest (1960), MAP tones; (xX) MAP octave bands of noise; (M) standard
reference threshold values (Amenican National Standard on Specifications for Audiome-
ters) (1969), MAP tones; (o) Northern et al. (1972), MAP tones; (A) Whatte, Collins,
and Robmson (1972), MAP tones; () Yamada et al. (1986), MAF tones. (Data adapted
from Ref. 4.) Minimum audible pressure (MAP) indicates that the sound was presented
to the ears through earphones and the sound pressure levels were measured in an ear-
phone~microphone coupler that approximated the cavity created by the earphone/pinna,
Minimum audible field (MAF) indicates that the sound was presented to the listeners
facing a loudspeaker and located in anechoic space. The sound pressure levels for MAF
were measured at the location of the center of the head without the listener present.

For the same listeners, MAP thresholds are generally several decibels tigher than MAF
thresholds.

19.3 AUDIO FREQUENCY REGION

CHABA

Noise exposure criteria for the audio frequency region (20—12,000 Hz) were
developed by the National Academy of Sciences—National Research Council,
Committee on Hearing, Bioacoustics and Biomechanics (CHABA) in 1965.6 This
method described noise exposure in terms of pure tones, third-octave, and dctave
bands of noise, and it includes the audio frequencies of 100-7000 Hz. Acceptable
exposures to noise can be determined from 11 sets of curves. An environmental
noise is considered acceptable if it produces, on average, a NIPTS after 10 years
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or more of near daily exposure of no more than 10 dB at 1000 Hz and below,
15 dB at 2000 Hz, and no more than 20 dB at 3000 Hz and above. These criteria
are based on the assumption that noise exposures producing temporary threshold
shifts (TTSs) would eventually produce permanent threshold shifts (PTSs). The
possible relationship that TTS is a precursor to PTS is still an open question. The
CHABA criteria have been widely used and are an excellent tool. However, they
are not simple to use or to relate to current standards, regulations, and guidelines
and are less preferred than criteria employing A-weighted sound level.

OSHA

The Occupational Safety and Health Administration has adopted a noise exposure
linoat of 90 dBA with a 5-dB trading relationship to control excessive noise expo-
sure in industry (Table 19.1). When employees are exposed to noise at different
levels during the day, ratios of the actual to the allowed duration for that level
are computed and the fractions summed for the day. Total daily exposure calcu-
lated from these fractions or ratios must not exceed unity. No other corrections
or adjustments are applied to these criteria.

The OSHA noise exposure criteria were verified i 1983 wath the publication of
“QOccupational Noise Exposure; Hearing Conservation Amendment; Final Rule.””’
The basic conditions of the original OSHA noise exposure regulation remain the
same with a few exceptions. Continuous A-weighted sound levels are not permit-
ted above 115 dBA regardless of duration.«A permissible exposure level (PEL) is
defined as that noise dose that would result from a continuous 8-h exposure to a
sound level of 90 dBA. The limit of 90 dBA is a dose of 100%, which is the basic
criterion level. A time-weighted average (TWA) is the sound level that would pro-
duce a given noise dose when the employee 1s exposed to that level continuously
over an 8-h workday regardless of the length of the work shift. Workday expo-
sures of 4 h at 90 dB, 8 h at 85 dB, or 12 h at 82 dB all correspond to a TWA of
85 dBA and a noise dose of 50%. The Hearing Conservation Amnendment includes
computational formulas and tables showing the time—intensity relationships for
the 5-dB rule and conversions of dose to time-weighted averages. Guidance is
given on calculations of age corrections to andiograms. However, the use of age
correction procedures 1s not required for compliance.

A noise dose of 50% or a TWA of 85 dB is the “action level” at which
hearing conservation measures must be implemented. All workers recetving neise
doses at or above the action level must be included in a hearing conservation
program that requires noise monttoring, audiometric testing, hearing protection,
employee training, and record keeping. A baseline audiogram is one taken within
six months of the employee’s first exposure above the action level, against which
subsequent andiograms can be compared. An annual audiogram must be taken
for each employee exposed at or above the action level. A standard threshold
shift (STS) 1s a change in hearing sensitivity from the baseline audiogram that
exceeds an average of 10 dB or more at 2000, 3000, and 4000 Hz wm either ear.
Appropriate action by the employer must be taken in response fo the STS to
ensure the continued protection of the hearing of the employee.
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Environmental Protection Agency

The EPA published “Information on Levels of Environmental Noise Requisite
to Protect Public Health and Welfare with an Adequate Margin of Safety”! in
1974 1 response to the Noise Control Act of 1972. The objective was to identify
levels of environmental noise required to protect the public from adverse health
and welfare effects. The levels for noise-induced hearing loss described in this
document were based upon reviews and analyses of scientific materials as well as
consultations and interpretations of experts. Tt was concluded that an Leq of 70 dB
over a 24-h day (over a 40-year working life) would protect virtually the entire
population (96th percentile) for hearing conservation purposes. An Legzy limit
of 75 dB was considered appropriate protection for the typical 8-h daily work
pertod. This criterion is considered to be very restrictive for most applications,
and 1t has not been incorporated into any DRC for occupational noise exposures.

Air Force

The U.S. Air Force (USAF) hearing conservation criterion is 85 dBA for a
maximum allowable 8-h daily exposure. The trading relationship of 3 dB allows
such exposures as 16 h at 82 dBA and 4 h at 88 dBA. Higher level continuous
exposures for shorter durations, such as 94 dBA for 1 h, are limited to a maximum
level of 115 dBA. The ratios of the actual to the allowable daily exposure times

are not to exceed unity. Air Force criteria also include limiting conditions for
mirasound, ultrasound, and impulse noises.

Army

The US. Army (USA) hearing conservation program criterion is 85 dBA as
the maximum allowable exposure regardless of duration. Personnel experiencing
these exposures must be enrolled m the hearing conservation program. In training
and noncombat scenarios single hearing protection will be worn in steady noises
of 85-107 dBA and double hearing protection for 108-118 dBA. Protection
requiremnents for unique military noise sources are determined individually. The
Army criteria also include limiting exposures for impulsive noises.

Navy

All nowse-exposed Navy personnel are required to wear hearing protection when
exposed to envirommental noise exceeding the criterion of 84 dBA or 140 dB
peak. regardless of duration. Personnel are entered into the hearing conservation
program based on the 84-dBA damage risk criterion for an 8-h work day, with
a 4-dB exchange rate. Double hearing protection is required when sound levels
exceed 104 dBA, which admimistratively assumes 20 dB of single protection from
an approved earplug or earmuff.



864 DAMAGE RISK CRITERIA FOR HEARING AND HUMAN BODY VIBRATION
ISO-1999

The International Organization for Standardization (ISO) standard ISO-1999
(1990), “Acoustics—Determination of Occupational Noise Exposure and Esti-
mation of Noise-Induced Hearing Impairment,” is a landmark document that
establishes practical procedures for estimating noise-induced hearing loss in pop-
ulations. Standard ISO-1999 does not provide a specific formula for assessing
risk of hearing handicap, but it specifies uniform methods for the prediction of
hearing impairment that can be used for assessment of handicap according to the
formula stipulated in a specific nation. The procedures are based on the equal-
energy, 3-dB rule (adopted by the ISO and member nations as a conservative
criterion) and deal with the measurement and description of noise exposure, the
prediction of effects of noise on hearing threshold, and the assessment of risk
of noise-induced hearing impairment and handicap. Annexes, which are not part
of the standard, provide calculation procedures, examples, tabular data used in
the calculations, and a method for relating this mformation to that of the pre-
ceding standard, ISO-1999 (1975). These procedures allow agencies, industries,
and governments to select parameters and establish criterion values according to
their respective needs. This document will form the basis for legislation in many
countries.

The ISO method describes all exposures during an average work day in terms

of the A-weighted sound exposure or, gnergy average. The integration period -

1s taken as a working day or a working Week. All noises are included in the
exposure, ranging from steady state to impulses. Exposures that contain steady
tonal noise or impulsive/impact noise are considered about as harmful as the same
exposure without these components but about 5 dB higher in level. Exposure can
be measured with personal noise dosimeters or an integrating-averaging sound-
level meter, Direct and indirect methods for the determination of exposure level
are discussed as well as sampling methods. '

The only measure of environmental noise needed to calculate hearing impair-
ment or risk of hearing handicap under the following conditions is the energy-
averaged daily noise exposure. The maximum instantaneous sound pressure level
must be less than 140 dB, the average 8-h daily exposure must not exceed 100
dBA, and the maximum individual daily exposure must not be more than 10 dB
above the average of all daily exposures to permit this determination of energy-
averaged daily exposure.

Implementation of this standard follows a well-defined series of operations.
The first involves determination of the age-related hearing levels of the target
population for all test frequencies (e.g., population of 50-year-old males, 90th per-
centile at 5006000 Hz). The long-standing difficulties of defining a “normal”
population for this purpose were overcome with the utilization of two databases.
Database A contains standardized distributions of hearing threshold of an ideal
“highly screened” population free from all signs of ear disease, obstructions of
wax, and without undue history of noise exposure. Database B can be any care-
fully collected database covering an occupationally non-noise-exposed population
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considered to be a valid control for the noise-exposed population under consid-
eration. Each user of the standard can select the subpopulation most appropriate
for its analysis. As an example, for database B the standard provides the data
from. the U.S. Public Health Service Surveys reported in 1965.5

Next, the predicted NIPTS of the population is calculated for all test frequen-
cies by considering both the number of years of exposure and the average daily
poise exposure levels. Data in the standard for calculating NIPTS are valid for
frequencies from 500 to 6000 Hz, exposure times of 040 years, and average
daily noise exposure levels between 75 and 100 dB.

The hearing handicap or nisk of hearing handicap may be calculated using the
appropriate NIPTS values and a formula selected by the user or a member nation.
The document contains nine formulas that are proposed or commonly used among
nations for assessing hearing handicap by averaging hearing threshold levels at
selected audiometric test frequencies. In the United States, hearing handicap for
conversational speech is assessed using the average of the hearing levels at 500,
1000, 2000, and 4000 Hz. Other procedures are available for determining overall
percentage of hearing loss for purposes of compensation.

Long-Duration Noise Exposure

Noise exposure durations that exceed 8 h may occur in some work assignments
and when substantial nonoccupational noise is added to that received at work.
These longer duration exposures are extended by noises from daily living activ-
ities, recreafion, transportation, proximity to industry, and even other vocational
activities. Although the baseline of most criteria is the allowable exposure for an

-8-h day, many do extend their time—intensity trading relationship to 16 or 24 h

as additional guidance.

Although the 8-h day, 5-day work week is considered standard, numerous
variations are employed for many occupations. Some of these are four 10-h days
with three days off, three 12-h days with three and four days off, and 12 h on and
12 h off. The noise exposure criteria do not cover these exposures with the same
degree of accuracy as with the standard work week. However, it 1s reasonable to
consider the exposure per work week as a basis for calculating noise exposure
(i.e., the 3-dB rule).

An important discovery in studies of effects of long-duration exposure to
continuous (nontmpulsive) noise of 24 h and longer on human hearing was
the phenomenon represented in Fig. 19.2 and called asymiptotic threshold shift
(ATS).? Hearing threshold levels progressively increased with time until the expo-
sure duorations reached 8-16 h. Hearing threshold levels reached a plateau or
asymptote between 8 and 16 h and did not mcrease further with continuation of
the same exposure levels for 24 and 48 h. Recovery from these asymptotic levels
to the preexposure threshold levels was related to exposure time. Even though
the asymptotic levels were the same for 24- and 48-h exposures to a particular
stimulus, the time needed to recover was significantly longer for the 48- than
for the 24-h exposures. The longer period of time to recover is interpreted by
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FIGURE 192 Growth recovery of noise-mduced temporary threshold shift (NITTS)
measured during and following the noise exposure at the times marked on the abscissa.
The stimulus was a third-octave band of random noise centered on 1000 Hz presented at
80, 85, and 90 dBA. The curves represent the averages of the hearing levels (HLs) for
the 1000-, 1500-, and 2000-Hz test frequencies 1 (HLig00 + HLisoo -+ HlLoooo)-

some as an indication of greater nisk to hearing from the same stimulus {(same
asymptotic threshold level) for 48 than.for 24 h. On the basis of analyses of the
actual recovery times the guideline was established that the period of time In
effective quiet required for recovery should be at least as long as the duration of
the exposure.

Audiometric data on the crew members and information on the internal noise
levels of the Voyager lightweight aircraft (two 110-hp piston engines) during
a practice (five days) and a round-the-world flight (nine days) have provided
additional important data points. The overall noise environments at the crew
locations ranged between 99 and 103 dBA. Crew members wore communications
headset and earplug equipments that allowed estimations of the exposures at the
ears to be between 84 and 95 dB for the octave band at 500 Hz. Comparisons of
preflight and postflight audiograms for both flights revealed substantial shifts of
hearing levels. The threshold shifts from the nine-day flight were no greater than
those for the five-day flight. One week following the mne-day flight the hearing
thresholds of both crew members had returned to their preflight levels.

The hearing level data on the five- and nine-day exposures is consistent with
laboratory data derived from both human studies of shorter duration and animal
studies of similar duration. It is considered acceptable by some criteria to extend
the 8-h limits to as much as 24 h using appropriate trading relationships. Noise
exposures of atypical work schedules such as four 10-h days with three days off
and 12 h on, 12 b off might be calculated on the bases of work week. Although
recovery of the hearmng thresholds occurred prior to nmine days for these crew
members, it remams reasonable to have personnel remain m effective quiet for a
period at least as long as the exposure prior to reenterng the noise.
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Music Exposure Criteria

The USAF has adopted music exposure criteria that consider customers or clients
of military “clubs” to be “recreationally exposed” and employees to be “occu-
pationally exposed.” The occupationally exposed persons are governed by the
same provisions as those of workers exposed in any other occupational noise. A
separate set of criteria are used to control or limut the recfeational exposures.

An average A-weighted sound level of 94 dB is considered acceptable when
it does not exceed 2 h duration once a week. It is important to recognize that
the 94-dBA guideline is not a peak of a maximum level value but is the average
sound level. The average sound-level concept does not specify a fixed maximum
level or eliminate crescendos and special effects or even some selections. It does
permit these intermittent high levels of entertainment music to be averages in
such a way that the overall performance is acceptable.

19.4 IMPULSE NOISE

/
Tmpulse or impact noise is a very brief sound or short burst of acoustical energy
with a sound pressure rise of 40 dB in 0.5 s or faster that may occur singly or as a
series of events. The noise may be treated as steady state when the repetition rate
of a series of mmpulses exceeds 10 per second and the decay from the individual
peaks to minima does not exceed 6 dB.

The effects on the auditory system have been examined for such characteristics
of the impulsive stimulus as frequency spectrum, duration, peak pressure level,
total energy, type of impulse, and rise time. Although work continues with some
of these characteristics, present exposure criteria use only peak pressure level
and duration and type of impulse to describe safe impulse exposures.

In 1968, CHABA developed exposure criteria for impulse noise!? based on
extensive work in the United Kingdom on firing small arms.!! The limiting
noise exposure values for the impulsive stimuli are summarized in Fig. 19.3.
These criteria define exposures that should produce, on average, no more NITTS
than 10 dB at 1000 Hz, 15 dB at 2000 Hz, and 20 dB at 3000 Hz and above in
95% of the exposed ears. The criteria provide for adjustments or corrections for
exposure situations that vary from the basic condition. The criteria provide for a
daily exposure of 100 impulses during any time period ranging from about 4 min
to several hours. The values are increased for fewer and decreased for more than
100 impulses per day by a factor of 1.5 dB for each doubling or halving of the
number of impulses. The allowable level must be decreased by 5 dB for impulses
that strike the ear at perpendicular incidence.

Simple, nonreverberating impulses that occur in open spaces are evaluated
using the A-duration or pressure wave duration, which is the time required for
the initial or principal wave to reach peak pressure level and return momentarily
to zero (Fig. 19.3). The B-duration or pressure envelope duration is used for
impulses that occur under various reverberant conditions and 18 the total time that
the envelope of the pressure fluctuations (positive and negative) is within 20 dB
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FIGURE 19.3 Proposed damage risk criterta for impulse noise arriving from the front
or from behind (grazing incidence) exposed persons. The A-duration curve reflects the
simple, nonfluctuating impulse that occurs in open areas. The B-duration curve reflects
the pressure fluctuations of impulses that occur under vartous reverberant conditions.

of the peak pressure level, including reﬂecfted waves. The 143-dB floor of the B-
duration curve represents the reduction of the energy entering the ear after 200 ms
by action of the acoustic reflex (reflex contraction of the middle-car muscles
that reduces the transmission of energy to the inner ear). This comprehensive
dose—response curve (DRC) for impulses continues to represent the present data
and scientific understanding of impulse noise effects on hearng.

The OSHA amendment, the Air Force, and the Army, all limif exposure to
impulse or impact noises to 140 dB peak sound pressure level. The Army has
unique equipment that generates high-level impulse noises that are measured and
treated individually.

Sonic booms do not constitute a threat of noise-induced hearmg loss for human
beings. Most of the energy in sonic booms generated by aircraft in supersonic
flight is in the low and infrasonic frequency ranges and contributes little to the A-
weighted sound level. Field and laboratory investigations with human exposures
have revealed no significant effects on hearing from sonic booms at levels typi-
cally experienced in the community. One field study mvolving human exposures
to extremely intense sonic booms ranging in level from about 50 to 144 To/ft?
observed no changes in the hearing levels of the participants.'” Naturally, such
intense sonic booms may generate higher A-weighted levels indoors than outdoors
due to rattling of windows and doors.

Air bag systems are designed to provide crash protection of occupants during
side and forward impdcts of motor vehicles. These systems geperate a loud,
impulse noise inside the vehicle upon inflation of the air cushion. In an early
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study'?® of a prototype system, 91 volunteers experienced this air bag deployment
inside a small automobile at a median peak pressure level of 168 dB. Some TTS
was experienced by about 50% of the subjects. About 95% of those with TTS
recovered preexposure hearing levels on the same day. About 5% required longer
times for recovery with one subject showing a gradually retorning shift at one
frequency that persisted for several months.

19.5 INFRASOUND

Relationships among human exposures to infrasound (0.5-20 Hz) and resulting
hearing loss are presently not sufficiently understood for the establishment of
national (U.S.) or international standards on exposure limits. Few investigations
have been conducted because of difficulties in measuring hearing thresholds for
infrasound and in producing infrasound stimuli free from audible overtones that
are required for exposure studies. Tentative criteria have been established on the
basis of laboratory investigations and field experiences with noises containing
intense infrasound components. These criteria have been incorporated in some
Department of Defense regulations on hazardous noise exposure.'*

Human whole-body vibration exposures in intense levels of infrasound that
exceeded 150 dB sound pressure level were reported in a classic study.'® The
sample size was small. However, the subjects were highly experienced pro-
fessionals. Relationships were observed between exposure levels and human
tolerance as a function of subjective “symptoms.” These symptoms are described
in Section 19.8 for airborne vibration. Certain exposures were judged to be very
close to tolerance limits. Hearing levels of the subjects were measured 3 min fol-
lowmg termmnation of these very intense exposures and no changes were found
in hearing sensitivity.

The absence of hearing sensitivity effects immediately following the intense
infrasound exposures verifies laboratory findings that mfrasound is not a major
threat to hearing. The exposure criteria in Fig. 19.4 have been developed on the
basis of data such as that in the cited report and that presented in Fig, 19.5.1¢
Numerous experimental subjects experienced exposures to 10 Hz at 144 dB for
8 min with no adverse effects. This set of safe exposure conditions was accepted
as a baseline exposure from which 8-h limits (136 dB at 1 Hz and 123 dB at
20 Hz) and 24-h limits (130 dB at 1 Hz and 118 dB at 20 Hz) were extrapolated.
(Development of this sound pressure level formulation is described in ref. 16.)

19.6 ULTRASOUND

Ultrasound (~16—-40 kHz) is widespread in our society due to sources such as
vltrasonic cleaners, measuring devices, drilling and welding processes, animal
repellants, alarm systems, and communications control applications as well as a
wide range of medical applications. Although the number of people exposed to
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ultrasound is large, it poses no threat to human hearing because neither tempo-
rary nor permanent hearing loss caused by ultrasound has been reported, with
one exception. Temporary threshold shift was reported following expenmental
exposures to discrete tones 1n the region of 17-37 kHz at levels of 148—-154 dB.
The TTS occurred at subharmonics of the stimulus frequency and was likely
caused by nonlinear distortion of the eardrum.

Nevertheless, ultrasound continues to be viewed as a threat to hearing as well
as a cause of other subjective symptoms. Ultrasound is readily absorbed by air
and its tntensity diminishes rapidly with increasing distance from the source. The
impedance match with human flesh i1s poor, and much energy 1s reflected away
from the surface of the body. Consequently, the ear 1s the primary channel for
transmitting airborne ultrasound to the mnternal systems.

Ultrasonic energy at frequencies above about 17 kHz and at levels in excess of
about 70 dB may produce adverse subjective effects experienced as fullness in the
ear, tinnitus, fatigue, headache, and malaise. These subjective effects are mediated
through the hearing mechanism and are related to hearing ability. Persons who do
not hear in this frequency region do not experience these subjective symptoms.
Women experience the symptoms more often than men, and younger individuals
report them more often than older ones. This reporting is consistent with the
relative hearing abilities of the three groups. Neither disorientation nor loss of
balance has been attributed to ordinary exposures to ultrasound.
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FIGURE 19.5 Infrasound exposure effects on hearing. Exposure levels (filled symbols
indicate that some TTS has occurred): (A) > 150 dB; (C) 140--149 dB; () 130139 dB;
(¢) 120-129 dB.

Ultrasound exposures usually contain various amounts of high audio frequency
energy (5-20 kHz). Subjective effects attributed to the ultrasound are usually
caused by the audio frequency energy. Reducing the level of the audio frequency
energy in the exposure usuvally results in the disappearance of the auditory and
subjective symptoms.

Criteria for limiting the levels of ultrasound to control auditory and subjective
effects are very sumilar. The data refer to the ultrasound levels at the head of
the exposed person. The limiting levels at 20 kHz and above apply fo protection
from the subjective symptoms described earlier. Representative international and
national criteria adopted by the World Health Orgamization (WHQ), Norway,
Sweden, and the American Conference of Governmental Industrial Hygiemsts
(ACGIH) are displayed in Fig. 19.6. Norway accepts a level of 120 dB for fre-
quencies higher that 22 kHz.

19.7 HEARING PROTECTION

The damage risk or noise exposure criteria presented above define allowable
exposures for unprotected ears. These criteria are also used to identify exposure
conditions above which personnel should be included in hearing conservation pro-
grams and where hearing protection should be wom. Hearing protection extends.
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the limits of allowable exposures by reducing the levels at the ear, allowing
personnel to experience more intense and longer duration exposures than with
unprotected ears and still remain within established whole-body exposure criteria.

Hearing protector performance is influenced by characteristics of the wearer,
the protective device, and the noise exposure. Protection is best with devices that
provide good attenuation, are comfortable, fit properly, are easy to use, are in
a good state of repair, and are worn. Hearing protector effectiveness is reduced
by air leaks, transmission properties of the materials, and noise-induced motion
of the device that produces sound under the protector. A limit on performance
of ideal devices is imposed by the sound conduction properties of the tissue
and bone of the head. In high-level acoustical fields, sound travels “around” the
protector to the inner ear through the tissue and bone of the head. The level
of the sound reaching the ear by such means is about 50 dB below that of air
conduction reaching the ear through an open ear canal. Bone-conducted sound is
not a major concern for most noise environments. Total-head enclosures extend
the tissue and bone limits by about 10 dB.

Infrasound

Good insert-type hearing protection devices should provide attenuation of
infrasound approaching that observed at the 125-Hz third-octave band. Earmuff
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hearing protectors provide very little protection and may even amplify the sound
at some of these infrasonic frequencies. Exposures to levels of infrasound above
150 dB should be avoided even with maximal hearing protection because of
possible adverse nonauditory effects.

Audio Frequency Region

Hearing protection performance varies as a function of the frequency spectrum
of the noise. In general, conventional earplugs and earmuffs provide good sound
protection at higher frequencies (above 1000 Hz), Earplugs provide effective pro-
tection at both high and low frequencies. Ample protection is observed across all
frequencies with certamn foam insert earplugs. Earmuffs provide poor attenuation
at the low frequencies. )

A combination of earplug and earmuff is required when an individual protector
is unable to reduce a noise to an acceptable level. The resulting attenuation is
oot the sum of the two protectors but an amount determined by the particular
combination of devices. The attenuation of the combined units often reaches the
bone conduction limits at the high frequencies. At the mid- and lower frequencies
the amount of attenmation is determined primarily by the earplug. Selection of a
good earplug for use with a muff will provide good double hearing protection at
all frequencies,

Special earmuff hearing protectors called nonlinear devices allow face-to-face
speech communication at low levels of noise and provide typical amounts of ear-
muff protection at high levels. Active noise reduction (ANR) earmuffs employ
electronic (noise cancellation) and acoustical means of reducing low-frequency
noise at the ears. This active earmuff can increase intelligibility and comfort
and reportedly reduce fatigue when used with speech communication systems in
noise. The ANR earmuffs are widely used in such areas as communications, pri-
vate aircraft, entertainment, and sport activities and by passengers in commercial
arreraft.

Hearing protection devices have the potential capability to reduce and elimi-
nate most noise-induced hearing loss. However, issues such as comfort, selection,
fit, traiming, use, motivation, and others limit the full-performance capability of
the devices to be realized in the workplace.

t.ong-Duration Exposures

Long-duration noise exposures are typically steady state, continuous, and gener-
ally within the audio frequency range. The information on hearing protection for
audio frequencies is also appropriate for long-duration noises.

Ultrasound

Conventional hearing protection devices, earplugs and earmuffs, provide good
protection against airborne ultrasound at frequencies above about 20,000 Hz.
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Attenuation exceeding 30 dB is generally provided for frequencies from about
10,000 to 20,000 Hz. Hearing protection is most effective in eliminating subjec-
tive symptoms that occur when protectors are not worn. Reduction and elimina-
tion of subjective symptoms is also a good indication of the effectiveness of the
hearing protector.

Impulses

Earmuff and earplug protectors should provide adequate attenuation for impulses
comprised primarily of high-frequency energy, such as small-atms fire. Earmuff
attenuation decreases as the concentration of energy in the impulses moves to the
lower frequencies, as with large-caliber weapons (the attenuation vs. frequency
of the protectors 1is not changing, only the spectral distribution of the umpulse is
different). The reduction of the peak sound pressure level of a particular earmuff
18 about 30 dB for pistol fire, about 18 dB for rifie fire, and as little as 5 dB for
cannon fire. The peak level of the impulses of most pistol and standard rifle shots
is reduced to less than 140 dB by good earmuffs. A combination of earplugs and
earmuffs should be used for impulses requiring good low-frequency attenuation.

The USAF and the USA require single hearing protection when impulses
reach 140 dB peak positive pressure and double hearing protection when the
levels reach 160 dB (USAF) and 165 dB (USA).

-

19.8 HUMAN VIBRATION RESPONSE

The human body 1s a dynamic system, possessing mass and the ability to achieve
relative motion between parts of the body (elasticity). It can therefore be affected
by exposure to oscillatory motion or vibration. Although the ear is the most sen-
sitive body organ for the reception of vibratory energy n the auditory frequency
range, structure-borne and airborne vibration occurring at lower frequencies can
be transmitted to a variety of anatomical structures, including skin, bone, mus-
cles, joints, and internal organs. Most of our population is exposed to occasionally
moderate levels of vibration with relatively harmless effects. Occupational expo-
sures to vibration are more severe than nonoccupational exposures and have been
associated with biological, psychological, and human performance effects.
Vibration is transmitted to the human body via the oscillatory motior: from
vibrating structures in contact with the body surface (structure borne) or via the
transmission of sound pressure waves in high-noise environments (airborne). In
structure-borne whole-body vibration, oscillatory motions enter the body usu-
ally at the feet (standing) or buttocks (sitting) at the supporting surface and
can be transmitted throughout the body to other anatomical structures (such
as the head).!” The major sources of noneccupational whole-body exposures
include transportation vehicles such as automobiles, buses, trains, atrplanes, and
boats. Whole-body occupational vibration is experienced by operators of agrn-
cultural and forestry tractors, earth-moving and construction equipment, all types
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of tracks, sea-going ships, airplanes and helicopters, as well as mining and fac-
tory workers on vibrating platforms. Structure-borne hand-transmitted vibration
is isolated to a very specific anatomical regron, primsarily through the operation
of vibrating hand tools such as jackhammers, chipping hammers, chain saws,
grinders, and other types of pneumatic or electric hand-held devices. In airborne
whole-body vibration, oscillatory motions enter the body via hugh levels of low-
frequency sound pressure waves. Substantial arrborpe vibration occurs during
aircraft engine run-ups and ground-based maneuvering, particularly in military
environments where ground crews are required to work close to powerful aircraft
in restrictive areas.

The absorption of vibratory energy by the body is determined by the body’s
characteristics as a mechanical system.'® Engineering techniques (transfer func-
tion, power absorption) have been used and continue to be improved for defining
these characteristics and for developing various models of the whole body and
its subsystems (such as the hand—arm). These methods and models give insight
into the energy transmission through the body and are useful tools for identifying
the overall sensitivity of the body as well as for explaining the various effects
on specific target organs and structures.

Whole-Body Vibration Effects

For whole-body vibration, the mechanical stresses imposed o the body can
potentially lead to interference with bodily functions and tissue damage in prac-
tically all parts of the body. Historically, the major concern has focused on
whole-body vertical vibration. More recent research includes multiaxis vibration
effects. Figure 19.7 illustrates the short-time, 1-min, and 3-min tolerance limits
reported by healthy adult male subjects exposed to vertical sinusoidal vibration.'®
Human tolerance to vibration tends to decrease with longer exposure periods.
‘While acute exposures in the vicinity of human tolerance have not resulted in
demonstrable harm or injury, prolonged and repeated exposures to these levels
are considered to have a high potential for producing bodily damage. For vertical
vibration, minimal tolerance occurs between 4 and 8 Hz.!* This frequency range
coincides with the major whole-body resonance observed in biodynamic data.
Most physiologic effects in the region of 2—12 Hz are associated with excessive
movement of the thoraco-abdominal viscera that can interfere with respiration and
cause changes in cardiovascular functions that typically resemble the response
to exercise.”® Prolonged and repeated (chronic) occupational exposures, as they
occur in drivers of tractors and earth-moving equipment, are implicated by many
investigations in the development of spinal column and other joint disorders and
pathologies and of stomach and duodenal diseases.’?* However, their causal
relationship with vibration stress has not been clearly proven. For example, back
pain and back disorders have been reported for other occupations with no vibra-
tion. These symptoms have also been associated with poor body posture. Studies,
including the early study by Coermann,? have shown that body posture can affect
whole-body vibration response.
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FIGURE 19.7 The short-tume, 1-min, and-3-min tolerance limits reported during vertical
sinusoidal vibration.!®

Whole-body vibration can also influence working performance. It can cause
mvoluntary body motions that interfere with the active motor control of the
operator with undesirable effects. Relative motion of the eye with respect to an

object or target can cause difficulty in reading instruments and performing visual.

searches.?* This is particularly a concern at low frequencies where there is a high
propensity for head movement in the region of whole-body resonance (below
10 Hz). Below about 20 Hz, compensatory eye movement aids in stabilizing the
line of sight to a stationary object during head vibration.”> When the image
moves with the head, as occurs with a helmet-mounted display, compensatory
eye movement becomes ineffective, increasing the potential for visual blurring.?®
Eye resonance has been reported to occur in a broad frequency range between
20 and 70 Hz.? Relatively high levels of whole-body vibration or direct contact
of the head with the vibrating structure are necessary to mduce visual blorring
due to the body’s damping effect at these higher frequencies.

With regard to airborne vibration, the musmatch between the acoustical
impedance of air and the human body surfaces prevents significant amounts
of acoustical energy from entering the body, particularly at higher frequencies.?’
With decreasing frequencies below 1000 Hz, more acoustical energy 1s absorbed
10 the form of transverse shear waves. With exposure to high-intensity noise levels
[120 dB sound pressure level (SPL)] between 100 and 1000 Hz, tissue vibration
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occurs and the noise is felt via the stimulation of somatic mechanoreceptors.®®
Below 100 Hz, intense noise can cause whole-body vibration that not only
affects motion in the chest, abdominal wall, viscera, lirubs, and head but
also can generate motions in the body cavities and air-filled or gas-filled
spaces.”® Von Gierke and Nixon®’ reported that resonance of the chest wall
and air-filled lungs occurs around 60 Hz. For noise exposures below 150 dB,
the most common symptom reported by subjects was mild to moderate chest
vibration.!> Above 150 dB, symptoms included mild nausea, giddiness, subcostal
discomfort, cutaneous flushing and tingling (around 100 Hz, 153 dB); coughing,
severe substernal pressure, choking respiration, salivation, pain on swallowing,
hypopharyngeal discomfort, and giddiness {60 Hz, 154 dB and 73 Hz, 150 dB);
and headache (50 Hz, 153 dB).!®> More recent efforts have been made to measure
the biodynamic response of the body to airborne vibration and compare the body
acceleration spectra to the noise spectra.?’ The preliminary results for exposures
to jet aircraft noise during engine run-ups confirm the upper torso resonance
reported by von Gierke and Nixon.?

Hand-Transmitted Vibration Effects

Hand—arm vibration syndrome (HAVS) refers to the “complex of peripheral vas-
cular, neurological, and musculoskeletal disorders associated with exposure to
hand-transmitted vibration” (ref. 30, p. 11). HAVS is recognized worldwide as
a health concern. Prolonged and repeated exposure to hand-transmitted vibra-
tion can lead to a very specific disease called vibration-induced white finger
(VWE), or Raynaud’s phenomenon. This impairment of the blood circulation
of the hand progresses with exposure time from intermittent numbness and tin-
gling 1n selected fingers to extensive blanching of most fingers, first only in
combination with cold and finally at all environmental temperatures. In the final
stages the disease interferes severely with social activities and continuation of
the occupation. According to Taylor and Pelmear,®! the clinical manifestations
of the finger-blanching attacks progress in four stages, with stage 1 signal-
ing the onset of the disease, mainly outdoors in winter. While symptoms of
the first stages might still be reversible if vibration exposure is discontinued,
the later stages are considered irreversible by most researchers. In later stages,
the vascular manifestations are reported to be accompanied by nerve, bone, joint,
and muscle involvement.? Studies have shown that HAVS, specifically VWE, is
influenced by several factors, including the frequency, magnitude, and duration
of the exposure, 1n addition to the type of tool. As with whole-body vibration,
the symptoms of VWF appear to increase with exposure duration.

19.8 HUMAN VIBRATION EXPOSURE GUIDELINES

Extensive research over the last four decades has led to a reasonable under-
standing of the potential pathological and physiological effects of structure-borne
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whole-body as well as hand-transmatted vibration, although the mechanisms of
these effects continue to be topics of research. Frequency-dependent sensitiv-
ity curves have been derived for the whole-body and for the hand—arm from
both subjective and objective frequency response characteristics. These sensitiv-
ity curves form the basis for current whole-body and hand-transmitted vibration
standards. There are major national and international standards that provide guide-
lines and recommended criteria for safe vibration exposure based on these curves
and that are generally relied upon in designing vehicles, equipment, tools, and

mitigation strategies for use in vibration environments. These standards are pen- -

odically revised as vibration research continues and new data become available.

Structure-Borne Whole-Body Vibration Criteria

The International Organization for Standardization (ISO) is the most widely rec-
ognized body for providing the basic guidelines for assessing the damage risk
of structure-borne whole-body vibration (ISO 2631). As of 2004, the standard
entitled “Mechanical Vibration and Shock—Evaluation of Human Exposure to
Whole-Body Vibration” included three parts: ISO 2631-1:1997.% 1SO 2631-
2:2003,34 ISO 2631-4:2001,%% and ISO 2631-5:2004.3¢ Part 1, entitled “General
Requirements,” describes the general methods for measuring whole-body vibra-
tion. Informative annexes are included that give guidance on possible effects of
vibration on comfort, perception, health, gnd motion sickness based on curent
knowledge in these areas. In 2002, the American National Standards Institute
(ANSI) accepted the ISO 2631-1:1997 as a nationally adopted international
standard (ANSI $3.18-2002),% replacing the long-standing 1979 version. For
whole-body vibration, the frequency range considered 1s 0.5-80 Hz although the
range from 1 to 80 Hz can be used if appropriate. When the vibration is transmit-
ted by a resilient structure, such as a seat cushion, a suitably shaped transducer
suppott is interposed between the person and that structure. The standard recom-
mends the collection of acceleration data between the body and three suppotting
surfaces for the seated occupant, including the seat pan or surface, seat back,
and feet. For the recumbent occupant, the supporting surfaces include the pelvis,
back, and head. Translational vibrations are typically measured in the three axes
defined by an orthogonal coordinate system. For standing, seated, and recumbent
whole-body vibration, the x axis is defined in the back-to-chest (fore-and-aft)
direction, the y axis for the side-to-side (lateral) direction, and the z axis for the
foot- (or buttocks-) to-head (vertical) directions.*® Rotational vibration may also
be measured or estimated. There are three primary frequency-weighting curves
(including motion sickness) and three additional frequency-weighting curves
that are applied to the acceleration—time histories or frequency response spec-
tra depending on the measurement site and the particular effect being assessed.
Figure 19.8 illustrates the two primary frequency weightings that reflect the sen-
sitivity of the body in the respective directions.

The overall weighted root-mean-square (rms) acceleration is determined in
the time or frequency domain m each axis. The assessment is made based on
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FIGURE 19.8 IS0 2631-1:1997* frequency-weighting curves for whole-body vibration
in the horizontal {Wy) and vertical (Wy) directions. (Redrawn with permission. Copyright
by the International Organrzation for Standardization, Standard can be obtained from any
member body or directly from the ISO Central Secretariat, ISO, Casepostal 56, 1211
Geneva 20, Switzerland.)

e

the highest weighted acceleration level. If vibration in two or more directions 1s
comparable, then additional direction-dependent multiplying factors are applied
and the vibration total value (VTV) or vector sum is calculated.

Other methods are also described, including the runming rms method and
fourth-power vibration dose method (using the vibration dose value, or VDV).
The VDV is more sensitive to peaks in the exposure. Figure 19.9 depicts the
Health Guidance Caution Zones provided in the ISO 2631-1:1997 and ANSI
$3.18-2002. These guidance zones apply to the overall weighted accelerations
determined at the seat pan in the three translational directions. In the figure, the
zones defined by the solid lines are applicable to the rms acceleration level. The
zones defined by the dotted lines are applicable to the fourth-power vibration
dose method. Below the zones, health effects have not been clearly documented
or observed. Within the zones, caution is indicated for potential health risks.
Above the zones, health risks are likely.*

For estimating the effects of structure-borne whole-body vibration on com-
fort and perception, rotational frequency weightings and multiplying factors are
included for the seated occupant.® The VTV is recommended for assessing
comfort. The standard ISO 2631-1:1997 provides six comfort reactions to vibra-
tion and the associated overall weighted acceleration levels ranging from “not
uncomfortable” to *extremely uncomfortable.” These reactions have no time
dependency.
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Guidelines on motion sickness are primarily applicable to ships and other sea
vessels. The weighted rms acceleration is determined between 0.1 and 0.5 Hz
in the vertical direction at the supporting surface. Two methods are given for
calculating the motion sickness dose value (MSDV,). An approximation of the
percentage of individuals who may vomiit is given by K, (\fISDV ), where K, ==
1 for a population of unadapted male and female adults.

The standard ISO 2631-2:2003, entitled “Part 2; Vibration in Buﬂdmgs (1 Hz
to 80 Hz),” is directed toward human exposure in buildings with respect to com-
fort and annoyance. A single frequency weighting, W,,, is defined that is related
to the combined-response rating curve used in the older 1989 edition. The gen-
eral guidelines for measuring the vibration are similar to those given m ISO
2631-1:1997. The vibration is measured in the three orthogonal axes with the
directions relating to the structure and defined for the standing mdividual (Part 1).
The measurements are made at a Jocation where the highest frequency-weighted
vibration occurs. Categories of sources are provided and include (a) continuous
or semicontinuous processes {e.g., industry), (b) permanent intermittent activities
(e.g., traffic), and (c) limited duration {nonpermanent activities, e.g., construc-
tion). The 2003 standard does not include acceptable levels of vibration. The
consensus of opinion is that sufficient information was not available at the time for
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establishing appropriate vibration levels given the complexity of human response
to building vibration. The standard does indicate that adverse comments about
residential building vibration may occur when the magnitudes or levels are only
slightly higher than the perception levels (ISO 2631-1:1997, Annex C).** Other
complaints may be due to secondary effects such as reradiated noise (ISO 2631-
2:2003, Annex B).3* There should be no reason to consult the Health Guidance
Caution Zones in ISO 2631-1:1997, Annex B, except in an extremely rare build-
ing vibration environment.

The standard ISO 2631-3:2001,% entitled “Part 5: Method for Evaluation of
Vibration Contaiung Multiple Shocks,” directs attention to the health of the Tum-
bar sping, Exposures to multiple shocks may occur in the operation of equipment
and vehicles over rough terrain or rough seas. A biomechanical model 15 used
to predict the response of the human spine fo a given input and to generate an
acceleration dose. The standard provides guidelines on using the acceleration
dose to assess the health effects of multiple shocks based on the probability of
an adverse health effect that depends on the relationship between the ultimate
strength of the lumbar spine, the age of the person, and the number of years of
exXposure.

Airborne Whole-Body Vibration Criteria

Current guidelines for airborne vibration are given in terms of the noise exposure.
The Air Force Occupational, Safety, and Health Standard AFOSHSTD 48-194
recommends that, for mummizing whole-body vibration effects, no octave- or
one-third-octave-band noise level exceed 145 dB for frequencies in the range
of 1-40,000 Hz and that the overall A-weighted sound pressure level be below
150 dBA with no time limits. The ACGIH®® recommends that one-third-octave-
band levels between 1 and 80 Hz should not exceed 145 dB, and the overall
unweighted SPL should not exceed 150 dB. The assessment of airborne vibration
exposure may differ depending on which guideline is used. Minimal research
has been conducted on the physiological and pathological effects that may be
associated with airborne vibration.

Hand-Transmitted Vibration Criteria

The IS0 provides basic guidelines for assessing hand-transmitted vibration in ISO
3349, “Mechanical Vibration—Measurerent and Evaluation of Human Expo-
sure to Hand-Transmitted Vibration.” The standard consists of two parts: Part
1. General Requirements (ISO 5349-1:2001)°° and Part 2: Practical Guidance
for Measurement at the Workplace (ISO 5349-2:2001).* For hand-transmitted
vibration, the center of the coordinate system 1s the head of the third metacarpal
with the z axis defined as the longitudinal axis of the third metacarpal, the y axis
in the general direction of the tool handle (basicentric coordinate system), and
the x axis passing from the top to the bottom of the hand. Figure 19.10 illus-
trates the frequency weightings or factors associated with the center frequencies
of one-third-octave bands for assessing the effects of hand-transmmtted vibration.
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FIGURE 19.10 ISO 5349-1:2001 Frequency-weighting curve W, for hand-transmitted
vibration.”> (Redrawn with permission. Copyright by the International Organization for
Standardization. Standard can be obtained from any member body or directly from the
1SO Central Secretariat, IS0, Casepostal 56'1 1211 Geneva 20, Switzerland.)

a4

The quantity used to assess health effects is the 8-hr energy-equivalent vibra-
tion total value [A(8)], or daily vibration exposure. If is assumed that the health
risk for hand-trapsmitted vibration applies to all three orthogonal directions.
Therefore, the same weighting curve (Fig. 19.10) is applied to vibration in each
of the three orthogonal axes. The vector sum of the overall weighted accelera-
twons estimated for each axis defines the vibration total value (g, ). Figure 19.11
depicts the daily exposure values [A(8)] expected to produce vibration-induced
white finger in 10% of persons exposed for a given number of years, Dy. The
standard ISO 5349-2:2001* provides additional guidelines for measuring hand-
transmitted vibration in the workplace, determining the daily vibration exposure,
and selecting appropriate operations, The measurement of vibration entering the
hand may not always be practical. Part 2 includes practical measurement loca-
tions for selected power tool types and summarizes the location of accelerometers
used in vibration-type test standards for a variety of power tools. These locations
are usually close to the hand.

Additional Exposure Standards and Guidelines

Other organizations and countries have generated standards and guidelines that
compliment, supplement, or even differ from the human vibration standards
described above, particularly the ISO 2631-1:1997. The ACGIH?® provides guide-
lines for whole-body as well as hand-transmitted vibration. The European Union
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has recently published a directive on health and safety requirements for exposure
to both whole-body and hand-tcansmitted vibration. It is wnportant that design-
ers and assessors understand the similarnties and differences among the various
standards and the appropriateness of their applicability. It is also critical to use
current editions of these standards since new information could have significant
influences on defining health risk.
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Criteria for Noise in Buildings
and Communities
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One of the early steps in the architectural design of a building 1s the specification
of acceptable noise levels in the spaces for occupancy by human beings. Noise
sources i rooms include the air-handling and conditioning system (HVAC), the
occupants themselves, machinery in the room, and vibration of the surfaces of
the room by machinery outside. In this chapter, the sources of the noise in a
space are, in general, not discussed. However, in many cases, such as m offices,
dwellings, schools, anditorivms, and studios, it is generally true that the most
likely annoying noise 1s created by the HVAC system. In those cases the criteria
presented here apply 1o the HVAC noise alone as measured without the presence
of people. In shops, manufacturing plants, and restaurants, the principal noise
sources are machinery or large mumbers of people. In such spaces the designer
only has to make sure that the HVAC levels do not exceed the liberal limits
suggested in this chapter.

20.1 SOQUND LEVELS: DEFINITIONS

The sound (noise) levels, all in decibels, that are used in this chapter are taken
from Chapter 1, which, in turn, were taken from U.S. and mternational standards:

o Sound pressure level (SPL) L, [see Eq. (1.21)].
o A-weighted sound pressure level L, [see Eq. (1.22)].
e The equivalent sound level L.y, which is broadly defined by

T 1
<ty dr
Leg = Layz = 10 log(l /T)@z(—)- dB (20.1)
p

ref

where T is the time over which the averaging takes place and must be specified

[see Eq. (1.23)].

anz
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One of the early steps mn the architectural design of a building is the specification
of acceptable noise levels in the spaces for occupancy by human beings. Noise
sources in rooms include the air-handling and conditioning system (HVAC), the
occupants themselves, machmery in the room, and vibration of the surfaces of
the room by machinery outside. In this chapter, the sources of the noise in a
space are, i general, not discussed. However, in many cases, such as in offices,
dwellings, schools, auditoriums, and studios, it is generally true that the most
likely annoying noise is created by the HVAC system. In those cases the criteria
presented here apply to the HVAC noise alone as measured without the presence
of people. In shops, manufacturing plants, and restaurants, the principal noise
sources are machinery or large numbers of people. In such spaces the designer
only has to make sure that the HVAC levels do not exceed the liberal limits
suggested in this chapter.

20.1 SOUND LEVELS: DEFINITIONS

The sound (noise) levels, all in decibels, that are used in this chapter are taken
from Chapter 1, which, in turn, were taken from U.S. and international standards:

e Sound pressure level (SPL) L » Isee Bq. (1.21)].

* A-weighted sound pressure level L4 {see Eq. (1.22)].

¢ The equivalent sound level L g, which is broadly defined by
T

pidr
7]

Leg = Loy = 10 log(1/T)=% dB (20.1)

ref

where T is the time over which the averaging takes place and must be specified

[see Eq. (1.23)1

a7
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s A-weighted equivalent sound level Lg 4 is that given by Eq. (20.1), but
with the A-weighted frequency response in place in the measuring instru-
ment. Often this quanfity is simply labeled L.y and the A weighting is
known through its expression in dBA [see Eq. (1.24)].

® The band average sound level is that given i Eq. (19.1), but with the band
width specifiéd.

s The averaging time T can be a matter of fractional seconds, minutes, hours,
days, or even a year. Always, it must be specified.

¢ Day-night sound level Ly, [see Eq. (1.25)]. Note, in some nations, the 24-h
period is divided into three intervals, day, evening, and night, for which
Eq. (1.25) must have three integrals with the interval times specified.

e A-weighted sound (noise) exposure E,4 r {(proportional to energy flow,

intensity times time, in a sound wave in the time period T') [see Eq. (1.26)].

» A-weighted sound (noise) exposure level Lg,r [see Eq. (1.27)].
e Speech interference level SIL 1s the average of the sound pressure levels

in the four octave bands, whose midfrequencies are 500, 1000, 2000, and
4000 Hz.

20.2 EVALUATION OF ROOM NOISE: SURVEY METHOD,
ENGINEERING METHOD, AND PREQASION METHOD'

Current-Day Sound-Level Meters

Current-day sound-level meters are used to determine the sound levels in some
or all of the ten octave bands with midfrequencies from 16 to 8000 Hz. The
meter “speed” can be set to slow, fast, or impulse. When the meter speed is set
to “fast,” a running integration time of about 125 ms is achieved. The output of
the meter can be set to read or store the following levels: Lo, the equivalent
noise level over the measurement time period; the peak level Ly.g; and the
statistical levels Ly, Lsg, Lgg, and Lgs, where the subscript means that level is
exceeded 10, 50, 90, or 95% of the time. The 50% level is the median level.
When measuring A-weighted sound levels, the meter speed 1s set at “slow.” For
monitoring, the meters usually have storage capacity from 1 s up to 24 h. The
stored data can be sampled as often as every 100 ms. Acoustical consultants say
that their measuring time of HVAC noise at a particular location 1o a room is
usually under a minute.

Survey Method — L,

An A-weighted sound level L, is often used for surveying whether a measured
noise level satisfies a specified noise criterion. It is readily measured with the sim-
plest sound-level meters. The measurement of L 4 is the average of the maximum
meter readings, with the meter response set at slow, and obtained by moving the
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microphone about the room, avoiding positions near the surfaces or the geometric
center. It is assumed that the measured noise 1s free of pure tones and HVAC
surging. The presence of HVAC surging can usually be detected by listening or
by observing the meter swings using the “flat” (or “C”) frequency weighting and
the fast meter response.

Because L4 lacks specific spectral information, it can be misleading in evalu-
ating noise other than that arising from reasonably well-designed HVAC systems.
The values given in Table 20.1 are recommended for estimating whether mea-
sured A-weighted levels may be suitable for the purposes indicated. The numbers
presented in that table are largely influenced by the results of a request to a num-
ber of consulting firms for examples of excessive noise situations.” Fourteen firms
responded. The acceptable and unacceptable octave-band levels in school rooms,
auditoria, offices, and hotel rooms resulted. Those data indicated that the best
method to use in writing specifications, where HVAC surging and large sound
fluctuations are not expected, 1s to use noise criterion (NC) curves, described in
the next section. (Note: The acceptable NC curves for various occupancies of the
spaces are given in Table 20.2. Table 20.1 was determined from Table 20.2 and
the NC curves of Fig. 20.1 as follows: For each of the NC curves the speech
interference level (SIL) and the A-weighted effective level (L 4) were calculated
and L, — SIL found. These differences were added to the levels in Table 20.2
to obtam the levels of Table 20.1. For example, L4 — SIL for the NC-40 crite-
rion curve is 8 dB, which means that where 40 dB appears in Table 20.2, 48 dB
appears in Table 20.1. Also  reference 2, the octave-band levels for 14 cases
of excessive noise at low frequencies revealed that L4 — SIL = 14 dB is clearly
unacceptable, while in offices with acceptable noise levels L, — SII. did not
exceed approximately 7.5 dB.)

Engineering Method: NC Curves

The most widely used method today for evalvating the suitability of the noise in
a space for human occupancy and for wnting noise specifications employs the
NC curves shown in Fig. 20.1.>* The numerical values from which Fig. 20.1 was
plotted are given in Table 20.2 (rounded to the nearest decibel). In measuring
a noise the sound-level meter (with octave-band filtering) is set to yield Lqg
with a slow meter, flat response. The integration time T can be of any desired
length—seconds, hours, or months. If each octave-band meter reading slowly
fluctuates over a small range, the average value is used.

For writing specifications, the suggested NC ratmgs for various occupancies
are shown in Table 20.2. For example, for small offices, NC-35 to NC-40 is listed.

When evaluating a measured noise spectrum, the octave-band levels are plotted
on the set of curves in Fig. 20.1. The rating given to the noise is set by the band
level that “touches” the highest NC curve (interpolated to the nearest decibel).
For example, assume that the levels in the eight bands from 31.5 to 4000 Hz
were 68, 65, 61, 58, 50, 42, 37, and 30 dB, respectively. The highest NC rating
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TABLE 20.1 Recommended A-Weighted Sound-Level Criteria for HVAC Systems

for Rooms (Unoccupied) of Various Uses

A-Weighted Sound
Occupancy level L4 in dBA
Small auditoriums 35--39
Large auditoriums, large drama theaters, and large 30-35
churches (for very good speech articulation)
TV and broadcast studios (close microphone pickup only) 16-35
Legitimate theaters 30-35
Private residences
Bedrooms 35-39
Apartments 39-48
Family rooms and living rooms 3948
Schools
Lecture and classrooms
With areas less than 70 m? 4448
With areas greater than 70 m* 3944
Open-plan classrooms 4448
Hotels/motels
Individual rooms or suites 3944
Meeting/banquet rooms 35--44
Service support areas 4857
Office buildings .
Offices T
Executive 35-44
Small, private 4448
Large, with conference tables 39--44
Conference rooms
Large 35-39
Small 39--44
Open-plan areas 4448
Business machines, computers 48--53
Public circulation 4857
Hospitals and climics
Private rooms 35-39
Wards 39-44
Operating rooms 35-44
Laboratories 44--53
Corridors 4453
Public areas 48-.52
Movie theaters 3948
Churches, smail 3944
Courtrooms 39--44
Libraries 44.--48
Restaurants 48-52
Light maintenance shops, industrial plant control rooms, 5262
kitchens and laundries
Shops and garages 5767

Note: Data based on L4 — SIL for NC curves of Table 20.2.
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TABLE 20.2 Recommended NC and RNC Noise Criteria for HVAC Systems for

Rooms (Unoccupied) of Various Uses

Occupancy

NC and RNC Recommended
Criterion Curve

Recording studios
Broadcast studios (distant microphone pickup used)
Concert halls, opera houses, and recital halls (listening to
fant musical sounds)
Small anditoriums
Large auditoriurms, large drama theaters, and large churches
(for very good speech articulation)
TV and broadcast studios (close microphone pickup only)
Legrumate theaters ’
Private residences
Bedrooms
Apartients
Family rooms and living rooms
Schools
Lecture and classrooms
With areas less than 70 m?
With areas greater than 70 m?
Open-plan classrooms
Hotels/motels
Individual rooms or suites
Meeting/banquet rooms
Service support areas
Office buildings
Offices N
Executive
Small, private
Large, with conference tables
Conference rooms
Large
Small
Open-plan areas
Busmess machines, computers
Public circulation
Hospitals and climcs
Private rooms
Wards
Operating rooms
Laboratories
Corridors
Public areas
Movie theaters
Chutches, small
Courtroonis
Libraries
Restaurants
Light mantenance shops, industrial plant control rooms,
kitchens and laundries
Shops and garages

Lowest curve of Fig. 20.1
10
15-18

25-30
20-25

15-25
20-25

25-30
30-40
30-40

3540
30-35
3540

30-33
25-35
4050

25-35
3540
30-35

25-30
30~35
3540
40-43
40-50

25-30
30-35
25-35
3545
35-45
40-45
30-40
30-35
30-35
35-40
40-45
45-55

50-60
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FIGURE 20.1 Noise criterta curves derived from interviews and simultaneous noise
measurements extended to low frequencies by comparison with balanced NC (NCB)
curyes, These NC curves are used to rate noiséh by the “tangency method.”3510 Region
A 1mdicates low-frequency levels that may produce feelable vibrations and rattles from

lighting fixtures in Lightweight constructions if fluctuations or surging is present. The
threshold of hearing is taken from ANSI $12.2-1993.

curve “touched” by this spectrum is determined by the 58-dB level in the 250-Hz
band and equals NC-50. Thus is the so-called tangency method of rating.

The NC curves were originally derived from a survey of noise i a large
number of offices and spaces in a military Air Force base® and in several office
buildings.® The surveys were conducted by asking occupants of rooms how they
rated the noise both generally and at that instant (on a scale with six divisions
from “very quiet” to “intolerably noisy”) and then measuring the noise at that
instant. It was determined that the activity most affected by the noise was speech
communication both person to person and by telephone. However, it was also
found that even though speech communication might be satisfactory in a space,
the low-frequency noise levels could be so high as to be annoying. How much
higher can the low-frequency noise be compared to the midfrequency noise? It
was found that the overall loudness of the noise had to be taken into consideration.
To answer this question, two quantities were measured, the SIL and the loudness
level of the noise.

The SIL is a measure of the degree of interference of a noise with speech
comumunication. It is standardized as the average sound pressure level, in decibels,
in the four octave bands 500, 1000, 2000, and 4000 Hz.”
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TABLE 20.3 Noise Criteria Curves from Fig. 20.1 to Nearest Decibel

By Octave-Band Center Frequencies, Hz

NCCURVE 16 315 63 125 250 500 1000 2000 4000 8000

NC-70 90 9 84 79 75 72 71 70 68 68
NC-65 90 88 80 75 71 68 65 64 63 62
NC-60 90 85 7771 66 63 60 39 58 57
NC-55 89 82 74 67 62 58 56 54 53 52
NC-50 87 79 71 64 58 54 51 49 48 47
NC-45 85 76 67 60 54 49 46 44 43 42
NC-40 84 74 64 36 50 44 41 39 38 37
NC-35 g2 60 52 45 40 36 34 33 32
NC-30 81 68 57 48 41 35 32 29 28 27
NC-25 80 65 54 44 37 31 27 24 22 22
NC-20 79 63 50 40 33 26 22 20 17 16
NC-15 78 61 47 36 28 22 18 14 12 11

The loudness level is determined by a standardized computational procedure
which yields results in units called phons.® Needed are measured octave- or
one-third-octave-band levels in all the frequency bands.

The studies revealed that the loudness level (in phons) should not exceed the
SIL (in decibels) by more than about 24 units if the space 15 not to be annoying to
the occupants. Because low-frequency sounds are less loud than high-frequency
sounds, their levels can be higher. Thus with increasing frequency the NC curves
slope downward monotonically and their shape is determined to resemble that
of well-known “equal-loudness” curves.” The amount of slope and the shape of
the spectrum are determined by the 24-unit difference just mentioned. (Note: The
average of the levels in the four speech interference bands for each NC curve in
Fig. 20.1 is between 0.25 and 1 dB higher than the designating number shown
for the curve. The reason 1is that a shift in the frequency limits for the octave
bands was standardized some years after these curves were developed. However,
the decibel values for the points and the designating numbers on these curves are
exactly the same as originally presented.)

It must be emphasized that the NC curves so derived give the upper permissible
limit of the low-frequency noise once the SIL is known. Thus, the shape of a
NC curve is not the shape of an ideal noise spectrum, but rather is the shape of
a “not-to-be-exceeded” spectrum.

Two basic assumptions concerning the curves of Fig. 20.1 are that the noise
contains no pure tones and there is no surging of the noise from fans that drive
the HVAC system.

Concerning the measurement of sound levels at each point on a NC curve, the
meter response is set to suit the desired result. If the equivalent noise level over
a period of hours or days is decided, the slow meter response is selected. For
short samples of the measured noise, the fast response is used. For example, a
series of 1001000 samples each 100 ms long requires fast response. The meter



894 CRITERIA FOR NOISE IN BUILDINGS AND COMMUNITIES

can show the equivalent level Lq in decibels for the sequence, or the maximum
level Ly, or the level above which 10% of the interval levels are found, called
Ly, or the Lsg level, which is the mean level, or the Loy level. Some consultants
believe the Lsp level correlates well with people’s judgment of the acceptability
of their noise environment, provided that the speech intelligibility requirement
is met.

Comments about NC Curves. The NC curves as originally derived did.not
extend down to the 31.5- and 63-Hz octave bands. These two bands have been
added by the author to the original curves, based on the studies that led to the bal-
anced noise criterion (NCB) curves that are briefly discussed below. The revised
curves of Fig. 20.1 have been shown in two studies to predict successfully all
known cases of sizable complaints by occupants of existing building spaces.'%1*
In none of these cases was surging detected.
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FIGURE 20.2 Balanced noise criteria curves, taken from ANSI S12.2-1995. These
curves are used to rate noises with a procedure described in the standard and ref. 10.

*In ref. 11, 238 measured sound-pressure-level spectra were obtained from the consulting files of
Cavanaugh Toccit Associates. Plots were made of the relation between NC (tangency method) and
NCB (tangency method). The two were closely related with an R? = 0.97. Similarly, the NCB rating
was plotted in relation to the RC or RC I rating, with a correlation of R? = 0.98, except that the RC
values are about 2 dB greater than the NC values because the NC curves are based on the average
of the levels m the 500-, 1000-, 2000-, and 4000-Hz bands, while the RC curves are labeled based
on the average of the levels in the 500-, 1000-, and 2000-Hz bands.
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NCB Curves

The NCB curves shown in Fig. 20.27 were derived from the following premises:
(1) the rating number for each curve should equal its four-band SIL; (2) the
calculated octave-band loudness for those bands from 125 to 8000 Hz should
contain the same number of critical (hearing) bands, and for the two. lower bands,
the loudnesses should be weighted downward in proportion to the fraction of
critical bands contained; and (3) the difference between the SIL (in decibels) and
the loudness level (in phons) for a criterion curve should not exceed 24 wunits.
The detailed method of applying NCB curves to the evaluation of HVAC noise is
not discussed here, because they have not found widespread use, in spite of their
being contained in ANSI S12.2~1995. As mentioned above, the NC curves have
been extended to the 16- and 31.5-Hz bands by comparison with the rationale
that led to the NCB curves. Except for the method of applying them to the rating
of a noise, the NCB curves differ little from the NC curves of Fig. 20.1.

The levels taken from the NCB curves (rounded to the nearest decibel) are
listed in Table 20.4.

RC (Originally Called “Revised Criteria”) Curves

The RC criteria curves for evaluating noise in a room or for specifications were
built around the point of view that sound levels lower than those shown by the
NC curves of Fig. 20.1 should always be specified for the bottom three-octave
frequency bands (31.5, 63, and 125 Hz). The primary reason given is that if there
are strong fluctuations or surging in the HVAC noise, the specified low-frequency
octave-band levels for the RC curves ought to be low enough so that the noise
is not disturbing.

The basis for the RC curves was a set of measurements made in the early 1970s
of the noise in 68 offices where the HVAC noise levels were judged satisfactory.

TABLE 20.4 Balanced Noise Criteria Curves from Fig. 20.2 to Nearest Decibel

By Octave-Band Center Frequencies, Hz

NCB CURVE 16 315 63 125 250 500 1000 2000 4000 8000

NCB-65 97 8 79 75 72 69 66 64 61 58
NCB-60 94 8 76 71 67 64 62 59 56 53
NCB-55 92 82 72 67 63 60 57 54 51 48
NCB-50 8% 79 69 62 58 55 52 49 45 42
NCB-45 87 16 65 58 53 50 47 43 40 37
NCB-40 & 73 62 54 49 45 42 38 35 32
NCB-35 84 71 58 50 44 40 37 33 30 27
NCB-30 82 68 55 46 40 35 32 28 25 22
NCB-25 81 66 52 42 35 30 27 23 20 17
NCB-20 80 63 49 38 30 25 22 18 15 12
NCB-15 79 61 45 34 26 20 17 13 10 7
NCB-10 78 59 43 30 21 15 12 8 5 2




896 CRITERIA FOR NOISE IN BUILDINGS AND COMMUNITIES

When plotted, those noise-level spectra, on average, sloped off linearly with
frequency at the rate of 5 dB/octave in the bands from 63 to 4000 Hz. It was
concluded that if the measured spectra in satisfactory office environments had
that characteristic, the —5 dB/octave line 1s “optimum,” but no comparisons with
other spectra were made.

The RC curves are shown in Fig. 20.3 and the values are listed in Table 20.5.1%

In this chapter, only the Mark II version of the RC method is employed, which
differs frora the original version in that the levels in the 16~ and 31.5-Hz bands
are equal instead of the 16-Hz band being 5 dB higher than the 31.3-Hz band.
Also the procedure for evaluating measured data is different.

An RC curve suitable for a particular type of room may be determined from
Table 20.6. The values there were chosen to permit satisfactory speech intelli-
gibility, where that is important, or to provide noise levels that are not above
normal activity sounds.

When evaluating a noise spectrum using the RC method, the first step is to
determine the average of the measured sound levels in the 500-, 1000-, and 2000~
Hz octave bands, the midfrequency average, which Reference 11 calls level at
midfrequencies (LMF). This number identifies the level of the measured spectrum
in the frequency region most important to speech communication, and it selects
the reference RC curve used as a starting point for the analysis that follows.
For example, if the LMF is 36 dB, the RC-36 becomes the reference curve.
If that LMF is suited to the activities that take place in the space in which
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FIGURBE 20.3 Noise criteria RC Mark II curves, derived from measurements of HVAC
noise in offices. These RC curves are used to rate noises by a procedure detailed i ref. 12.
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TABLE 20.5 Noise Criteria RC Cuorves from Fig. 20.3 to Nearest Decibel

By Octave-Band Center Frequencies, Hz

RCCURVE 16 315 63 125 250 500 1000 2000 4000 8000

RC-25 50 50 45 40 35 30 25 20 15 10
RC-26 51 51 46 41 36 31 26 21 16 11
RC-27 52 52 47 42 37 32 27 22 17 12
RC-28 53 53 48 43 38 33 28 23 18 13
RC-29 54 54 49 44 39 34 29 24 19 14
RC-30 55 55 50 45 -40 35 30 25 20 15
RC-31 3 56 31 46 41 36 31 26 21 16
RC-32 57 57 52 47 42 37 32 27 22 17
RC-33 58 58 53 48 43 38 33 28 23 18
RC-34 5% 59 54 49 44 39 34 29 24 19
RC-35 60 60 55 50 45 40 35 30 25 20
RC-36 61 61 56 51 46 41 36 31 26 21
RC-37 62 62 57 52 47 42 37 32 27 22
RC-38 63 63 58 53 48 43 38 33 28 23
RC-3% 64 64 59 54 49 44 39 34 29 24
RC-40 65 65 60 55 50 45 40 35 30 25
RC-41 66 66 61 56 51 46 41 36 31 26
RC-42 67 67 62 57 52 47 42 37 32 27
RC-43 68 68 63 58 53 48 43 38 33 28
RC-44 69 69 64 39 54 49 44 39 34 29
RC-45 7% 70 65 60 55 50 45 40 35 30

the measurements were made (from Table 20.6), and if the spectrum closely
approximates the reference curve, the noise is given a rating of “N,” neutral.

If the measured spectrum is not “neutral,” the RC (latest version, Mark II)
rating procedure begins with the reference curve derived from it. Next, deter-
mination of three quantities is calculated from the measured spectrum, each
called, energy-average spectral deviation factor. Three frequency regions are
chosen for this analysis-—low (16-63 Hz), middle {125-500 Hz), and high
(10004000 Hz)~dubbed the LF, or “rumble,” the MF, or “roar,” and the HF,
or “hiss,” regions,

The procedure is as follows: First, for each octave-frequency band mn the
measured spectrum, the difference in decibels between that spectrum and the
reference RC curve is found. The sign may be either positive or negative. For
each of the three frequency regions, LF, MF and HF, the three octave-band
differences therein are summed on an energy basis, which yields an energy-
average spectral deviation factor for that region. For example, assume the three-
octave-band differences in the LF region are 4, 5, and 9 dB, giving an averaged
energy level of 4.54, and 10 log 4.54 == 6.57 dB. This factor is also determined
for the MF and HF regions, which, as an example here, we shall assume are
equal to 4.82 and —0.92 dB. Next, the quality assessment index QAI is defined
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TABLE 20.6 Recommended RC Criteria for HVAC Systems for Rooms
(Unoccupied) of Various Uses

Occupancy RC Cnterion Curve®
Private residences
Bedrooms 25-30 ()
Apartments 30-35 (N)
Family rooms and living rooms 3040 (N}
Schools
Lecture and classrooms 30-35 (N)
Open-plan classrooms 35-40 (N}
Hotels/motels
Individual rooms or suites 30-35 ()
Meeting/banquet rooms 30--35 (N)
Halls, corridors, lobbies 3540 (N)
Service support areas 40--50 (N)
Office buildings
Executive offices 2535 (N)
Private offices 30-35 (N)
Private offices with conference tables 25-30 (N)
Conference rooms 25-30 (N)
Open-plan areas 35-40 N)
Business machines/computers g 4045 (N)
Public circulation 4030 (N)
Hospitals and clinics
Private rooms 2530 (N)
‘Wards 30-35 (N
Operating rooms 25-35 (N)
Laboratories 3545 (N)
Corridors 3545 (N)
Public areas 40-45 (N)
Churches 3035 (N)
Libraries 35-40 (N3
Courtrooms 30--40 (N)
Restaurants 4045 (N)

4N == neutral spectrum.

a$ the difference (in decibels) between the maximum and minimum values of the
three spectral deviation factors just determined. In our example QAT = 6.57 —
(~0.92) =17.5 dB.

By the RC Mark II procedure, a neutral spectrum is one for which QAI
is less than 5 dB and Lig and L3y 5 are at most 65 dB. If the hughest positive
spectral deviation factor occuss in the LF region, the spectrum is evaluated as
having (i) a “marginal rumble” if 5 dB < QAI < 10 dB or (ii} an “objectionable
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rumble” if QAT > 10 dB. If the highest positive factor falls in the MF or the
HF regions, the same decibel ranges for QAI are listed for evaluating a spectrum
as having “marginal or objectionable roar or hiss.” For example, a measured
spectrum might be designated as RC-45 (i.e., reference curve), roar (i.e., MF
region), and probably objectionable (i.e., QAI exceeds 10 dB).1?

The RC procedure would seem to mean that in writing a specification, a
particular RC curve would be specified, but with the understanding that the
measured levels in any one of the three frequency regions can be exceeded by
about 3 dB without penalty.

It must be noted that In the 68 offices originally studied, the A-weighted slow
meter sound level only covered a range of 40 to 50 dB, and thus none of the
sound levels were considered that are-found in spaces like concert halls at one
extreme or factory spaces at the other. Second, the RC spectra are typical of
HVAC practice 1n quality offices of the 1970 period and may not be typical at
any future time.

The difficulty with the undisciplined use of the RC curves is that they penal-
ize those HVAC installations that are free of surging or of large low-frequency
fluctuations. In concert halls or other sites where very low background noise is
required, the HVAC systems must be of highest quality, free of surging or sig-
nificant low-frequency fluctuations. The measured NC noise spectra for concert
halls usually are specified to be in the range of NC-15 to NC-18 (See Fig. 20.1
and Table 20.2). The levels in the completed halls usually follow a NC curve
down to the 63-Hz band or lower. If RC curves equal to RC-15 to RC-20 were
to be specified at such a site, 15 or more decibels of noise reduction would
be required in the lowest bands. The cost of such an unnecessary reduction at
low frequencies would be prohibitive. Of course, the perceived danger, from the
specification point of view, is that a supplier might be told to meet, say, the
NC-20 criterion curve, but that he or she might, in fact, install a low-cost HVAC
system whose air supply source exhibited surging and then isist that the sys-
termn meets the specification based on measurements in the octave bands with the
usual sound-level meter set to slow response. Advanced techniques for evaluating
spectra to determine whether the HVAC noise exhibits surging or large random
fluctuations are presented in the next section.

Precision Method — RNC Curves'®1*

There is a need to evaluate HVAC systems in which surging from the driving
fan(s) takes place and to write specifications for the design of HVAC systems to
avoid the chance of surging. To listeners, surging 18 very apparent and disturbing,
and it must be addressed both in the writing of specifications and when diagnos-
ing the seriousness of the noise afterward. Surging cannot be determined by a
conventional sound-level meter with the slow meter speed and “A” frequency-
weighted response in place, partly because surging primarily affects the levels in
the low-frequency bands and partly because surging may be averaged out if the
slow speed is used.



800 CRITERIA FOR NOISE IN BUILDINGS AND COMMUNITIES

HVAC: Well Behaved or Surging? Surging usually can be heard aurally or it
can be seen visually on a standard sound-level meter by observing the levels in
the 16-, 31-, and 63-Hz octave bands. The sound-level meter must be set for fast
response and flat frequency characteristic (or C weighting). If surging is found from
listening or observing the levels in the octave bands above, then the RNC method
of evaluation should be used to determme the seriousness of the noise condition.

First, Some Psychoacoustics. In devising a more precise method of evaluat-
mg whether the HVAC noise in a room is intrusive for its primary use, one must
turn to the field of psychoacoustics for help. First, the ear only integrates (lumps
together) significant variations in the level of a sound provided they occur within
a short time period, that is, if the variations occur within a time period that is less
than about 125 ms. That is, any fluctuations in HVAC noise that occur within a
time interval of about 100 ms are perceived as though the noise were continuous
(with the same energy) in that period without fluctuations.

A second reality is that the ear integrates the sound energy that falls within
frequency bands called critical bands. Cntical bands increase in width at about
the same rate as the widths of the octave frequency bands increase except at
low frequencies. In the frequency region below 125 Hz, the critical bands are
about 100 Hz wide. Hence, the 16-, 31.5-, and 63-Hz octave-band levels must
be combined in some manner info one band centered, say, at 31.5 Hz, in order
that it can be treated in the same way as the higher frequency bands.

A third fact arising from the propéities of hearing involves the loudness of
sounds at low frequencies, that is, at frequencies below about 200 Hz. For the
three octave bands 16, 31.5, and 63 Hz, a change of approximately 5 dB in
level creates a doubling in the subjective loudness of a sound. For the 125-Hz
band, a change of about 8 dB causes a doubling of loudness. For octave bands
with midfrequencies of 250 Hz and above, a change of 10 dB is necessary to
create a doubling in loudness. Thus, variations in level of the successive 100-ms
intexvals for the four lowest frequency bands must be treated differently from
variations in level of the 100-ms intervals for the higher frequency bands. The
RNC procedures, about to be described, are designed to take into account these
three characteristics of the hearing system when evaluating the noise of a space.

Large Random Fluctuations. Even though surging 1s not observed orally or
visually, the presence of large random fluctuations at low frequencies is still a
possibility. The simplest test for this requires the observation of the differences
between the L. and Leg levels or the Lip and the Lg levels in the 16-, 31-,
63-, and 125-Hz bands with the meter set on fast. If the difference between L.
and L., for any one of the three lowest bands (16-, 31-, and 63-Hz octave bands)
is greater than 7 dB, or Lip — Ley > 4 dB, or if the difference between L.y
and L. for the 125-Hz band is greater than 6 dB, or Lyp — Leg > 3 dB, large
random fluctuations are indicated and the full RNC method should be used.

Well-Behaved HVAC Noise — Use NC Curves. When no surging or large-
scale fluctuations are observed, Leq measurements (slow scale) can be made in
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all the octave bands for any length of time T (fractions of minutes or longer)
and the results compared with the NC curves of Fig. 20.1. The microphone used
for the decibel measurements can be at one place in the room if the noise field
is uniform throughout, or by measuring at a number of points and averaging
the results, or simply by rotating the microphone at arm’s length (2-m-diameter
curcle) and taking the average of the results.

Again, it must be borne in mind that all of the methods described in this chapter
assume that there are no pure tones andible in the noise. If a pure tone(s) is sus-
pected, narrow-band measurements (one-third octave or less) should be made to
determine its frequency and intensity. Then, the pure-tone source should be located
and steps taken to reduce its level before evaluating the remaining HVAC noise.

Found or Suspected Surging or Large Low-Frequency Fluctuations in
HVAC Noise — Use RNC Curves. When surging or large low-frequency fluc-
tuations are found or suspected, the RNC procedure s recommended to determine
the penalty. It requires the use of a contemporary sound-level meter and a com-
puter. The method incorporates the psychoacoustic facts discussed above. The
RNC curves are shown in Fig. 20.4. Each RNC-X curve (e.g., RNC-40, RNC-50)
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FIGURE 20.4 Balanced Noise criteria curves, devised in refs. 1,13, and 14 to rate
noiges that exhibit HVAC surging or large random fluctuations. In well-behaved HVAC
systems the curves yield the same ratings as NC curves. When there are clearly audible
HVAC surging or random vibrations, the curves yield ratings more like those of the RC
curves—a penalty is imposed for surging that requires lower levels as measured with a
“slow,” sound-level meter setting.
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TABLE 20.7 Coefficients Used in Egs. (20.2) and
(20.3) to Calculate RNC-X Curves of Fig. 20.4

Octave Band, Sound-Level Range,

Hz dB Kion® Koo

16 <81 64.3333 3
>81 31 1
31 <76 51 2
>76 26 1

63 <71 37.6667 15
>T71 21 1

125 <66 24.3333 1.2
=66 16 1
250 All 11 1
500 All - 6 1
1000 All 2 1
2000 All -2 1
4000 All -6 1
8000 All ~10 1

#The four-decimal figures are only to give calculated RNC-X
even-decibel valves.

i fi
can be derived from RNC-X

Kaop

Lop = + Kiop (20.2)

where RNC-X 1s the number on the curve, L, 18 the x-axis level for the particular
octave band, and the constants Ko, and Ky, are taken from Table 20.7 for the
particular octave bands.

Example 20.1. Calculate the SPL of the 63-Hz band for the RNC-20 curve of
Fig. 20.4:

Lo = (20/1.5) -+ 37.6667 = 13.3333 + 37.6667 = 51 dB.

Conversely, the nearest RNC evaluation curve for a measured octave-band level
can be obtained from

RNC-X == (Lop ~ Kiop) X Kaop (20.3)

Example 20.2. Assume the measured level in the 125-Hz octave band Lo, is
35 dB. Determine which RNC curve (to nearest decibel) that measurement touches:

RNC-X = (55 — 24.3333) x 1.2 = RNC-37

Recommended RNC Curves. The recommended RNC curves for spaces are
the same as those for the NC curves and are given in Table 20.2.

If there is no surging or large scale-fluctuations, so that L.y levels can be
measured with the slow meter and flat frequency response, evaluation by the
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new RNC curves will yield results that are approximately equal to those from
the NC curves. Therefore, the permissible Leq levels at low frequencies compared
to the SIL at midfrequencies will be as large as those shown in Fig. 20.1.

If surging and fluctuations exist, the RNC method “penalizes” the L. levels in
the octave frequency bands below 300 Hz, so that if the disturbance in those fre-
quency bands is large, the permissible L.q levels may approach the low-frequency
levels of the RC curves, as m Fig. 20.3.

Corrections to Measured Levels in Octave Bands at 16, 31.5, and 63 Hz
When Surging or Large Fluctuations Exist. If surging and fluctuations
exist, the RNC method penalizes the L.y levels m the octave frequency bands
below 300 Hz, so that if the disturbance in those frequency bands is large, the
permissible Leq levels may approach the low-frequency levels of the RC curves,
as in Fig. 20.3. Contemporary sound-level meters can store up to 24 h of data
for later downloading to a computer. The data should be recorded with a fast
meter setting and a flat frequency response. The stored data (of whatever total
time length) in bands or overall is sampled every 100 ms, forming the required
octave-band time series for the RNC method. For the total time period, Lpes,
Lo, and Lsg are also available,

Bach of the successive 100-ms samples is labeled i, where the ultimate ¢ should
be between 150 and 1000 depending on the suspected magnitude of the surging.

Because the loudness of a sound, at a given level, s considerably less at 16 Hz
than at 31.5 Hz and, in turn, the loudness is considerably less at 31.5 Hz than that
at 63 Hz, in the RNC method the three octave bands with midfrequencies at 16,
31.5, and 63 Hz are combined and replaced by a “three-band-sum” at 31.5 Hz.
To do this, all of the measured 100-ms samples for the 16-Hz octave band are
reduced by 14 dB and the samples for the 63-Hz octave band ate increased by
14 dB. These adjusted levels for the 16- and 63-Hz bands are combined with the
measured levels in the 31.5-Hz band on an energy basis and the new level (in
decibels) is called a three-band-sum.

The ith 100-ms sample of this three-band-sum is called Ly p; . Calculate Ly g eq
for the three-band-sum by summing the energies of the samples and dividing by
the number of samples and taking 10 log of the result. Also, caleulate Ly gy, the
mean level of the set of three-band-sum samples.

The object now is to determine a correction Ky pc to be added to the measured
Leq at 31.5 Hz (not the three-band-sum) that takes into consideration both the
L p; values and the fact that a change of only 5 dB is needed for a doubling of
loudness at 31.5 Hz——and at- 125 Hz, 8 dB is needed. Let 8 stand for this change.

First calculate the correction at 31.5 Hz, Ky pc:

Kirec = Kpps — (Lipeq — Lirm) (20.4)

where

1 N
Kirs = 10 log (.ﬁ > 10k 10) (20.5)

y==1
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and where, at 31.5 Hz (6 =35 dB),

10
Lo = —8——(LLFg = Lprm) = 2(Lrri — Lrpm) (20.6)

The quantity Krpc is added to the measured equivalent level L.q (long time
energy average) m the 31.5-Hz octave band and is plotted on Fig. 20.4 (no
numbers are plotied in the 16- and 63-Hz bands). If data are not available for the
16-Hz band, the three-band-sum is determined for the 31.5- and 63-Hz bands.

Correction to Measured Level in Octave Band at 125 Hz If Surging Is
Observed or Suspected. The level of each element of the 100-ms series at
125 Hz is called Lyzs. Calculate Lipseq at 125 Hz by combining the energies
of the samples and dividing by the number of samples and taking 10 log of the
result. Also, calculate Lyzs,, the mean level of the set of samples at 31.5 Hz.
The correction to be added to the measured 125-Hz octave-band Lq is called
Ky2s¢ and is given by

Kyosc = Kioss — (L1aseq = Leiasm) (20.7)

where

N
Kiass = 10 log (% > 1054”10) (20.8)

d=1

and where, at 125 Hz (6 = 8 dB),

10
LB = ?(meii ~ Liosm) = 1.25(L1osi — L125m) 20.9)

Example for Surging. Used 1s a set of random data having a Gaussian distri-
bution with a standard deviation of about 3 dB for the combined 16~31.5-63-Hz
band. Superimposed is a sinusoidal variation with a peak-to-peak amplitude of
15 dB. Shown in Table 20.8 are 10 of the 1000 measured octave-band levels each
100 ms in length. The three-band-sum defined above is given m the last column.

The summary data for 1000 saroples are listed in Table 20.9. The correction
K rc tobe added to the Ly at 31.5 Hz comes from Eq. (20.4) and equals 11.5 dB,
vielding the adjusted 31.5-dB band level equal to 73.1 dB. From Eq. (20.7), the
correction Kpsc 18 found to be 1.6 dB, yielding 44.7 dB. The corrected spectrum
is shown in the last line of Table 20.9. When the corrected spectrum is plotted in
Fig. 20.4 or is determined from Eq. (20.3), it is found that the highest RNC curve
touched is RNC-44 (at 31.5 Hz). If there had been no correction, the highest curve
touched would have been RNC-22. The strong surging and turbulence has changed
the rating from RINC-22 to RNC-44.
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TABLE 20.8 Ten 100-ms Samples from a Total of 1000 Samples®

ith By Octave-Band Mid frequencies, Hz Ly
Band Three-Band-
Numbers 16 315 63 125 250 500 1000 2000 4000 8000 Sum, (dB)

1 41.3 520 324 338 267 217 142 107 74 34 53.1
2 63.8 53.8 333 358 285 247 177 141 83 40 56.3
3 48.8 469 419 325 248 222 161 100 357 25 56.4
4 69.6 548 39.6 423 318 282 211 194 129 93 539.5
5 673 557 458 464 410 367 292 252 223 174 61.9
6 7553 523 446 390 323 268 227 192 127 87 63.6
7 59.7 52.8 50.0 503 37.8 33.8 285 255 195 168 64.4
8 61.8 63.0 468 478 414 359 276 252 187 161 65.1
9 63.2 652 46.6 443 395 341 267 239 191 143 66.6
10 64.8 66.5 442 427 342 300 240 192 153 124 67.2
Mean level Lz, of these 10 samples. 614
Standard deviation ¢ of these 10 samples. 4.8
Equvalent sound level L., of these 10 samples. 63.4

“Data Represent a Gaussian noise with a superimposed surge implemented by a sme wave with a
2-s period and a 15-dB peak-to-peak amplitude.

Simplified Method: Corrections to Measured Levels in 16-125-Hz
Octave Bands When There Are Large Random Reflections and Not
Strong Surging. By this method, the same equations are used to determine the
corrections to the adjusted 31- and 125-Hz bands, that is, Egs. (20.4) and (20.7),
but the quantities Ky ps and Kips5 are calculated from

10\* :
Krrs = 0.115 (—8—) o?p = 0.115(2)%0}p = 0.4607 (20.10)

where o7 p 1S the standard deviation of the Ly yr; (three-band-sum) series, and

2
Kizss = 0.115 (—189) ol = 0.115(1.2)%0 %5 = 0.16607,5 (20.11)

where o125 1s the standard deviation of the ;s series.

20.3 ACOUSTICALLY INDUCED VIBRATIONS AND RATTLES

From experience, primarily on the West Coast of the United States, an assessment
has been made of the probability of acoustically induced vibration and rattles in
lightweight wall and ceiling constructions (including light fixtures, windows, and
some furnishings). Obviously, significant fluctuations or surging must be present
in the HVAC noise. The region of likely probability where such vibrations in
lightweight construction can be clearly felt is shown as A in Figs 20.1-20.4.1! In



ank

Summary Data for RNC Example®

TABLE 20.9

Octave-Band Mid frequencies, Hz

8000
12.9

16 31.5 63 125 250 500 1000 2000 4000
460 432 359 309 249

68.6

Three-Band-Sum

170

20.9

61.8

64.5

Leq

620 549 421 399 329 28.0 22.0 18.0 14.0

602

60.3

Ly, (mean)
Leg ~— Ly,

29

29

2.9

29

29

29

32
4.8

39

6.8

6.6

42
15.5

Egs. (20.5) and (20.8)

Egs. (20.4) and (20.7)

1.6
447
25

Band conrections

12.9
22

17.0
23

209
23

309 249
23

25

359
25

73.1
44

Corrected spectrum
Highest RNC curve “touched™

“The L, is the encrgy average level in each octave band for all 1000 of the 100-ms sumples The three-band-sum correction of 113 dB is added to the Lgq of

the 31.5-Hz octave band to give an adjusted (for surging) level of 73 1 dB. At 125 Hz the adjusted level is 44.8 dB, 16 dB above the Leg level
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very well built structures, such as are expected in concert halls and opera houses,
the sound levels can extend into region A without expectation of feelable surface
vibrations or audible ratiles. In office and school buildings attention should be
paid 10 Leg levels that reach 70 dB or more in the 16- and 31.5-Hz octave bands
because of current trends in HVAC design and installation.

20.4 CRITERIA FOR NOISE ANNOYANCE IN COMMUNITIES

The major sources of noise in communities are road, rail and air traffic, industries,
construction, and public works. The most common metric used in the United
States for estimating the annoyance or disturbance of community noise is the A-
weighted day—night sound level (Lg,) [see Eq. (1.25)] with slow meter response.
The A weighting discriminates against low-frequency sound energy, similar to
the way that the hearing apparatus judges loudness. The sound energy of each
noise-producing event 1s summed separately into the total. All of the energy of
a noise that rises and falls as a source approaches and departs is summed into
the total. The sound energy of each event at night is multiplied by 10 before it
is added into the total. This treatment means that a few aircraft fly-bys at might
may be as annoying to residents as a large number in the daytime. The European
Union countries, for the most part, use a day—evening—night level.

The day—night sound level (Lg,) that is agreed on by nearly all agencies,
boards, and standards-setting bodies to be the threshold for noise impact in
urban residential areas is Lg, = 55 dBA.” In other words, people will begin
to complain seriously about the noise if the level is higher. Some agencies speak
of this energy-average level as being determined over a period of 12 months.
Only the U.S. Federal Aviation Administration (FAA) and the Department of
Defense (DOD) speak of a Ly, equal to 65 dBA as being the level at which
noise begins to impact unfavorably on people in residential areas. Some stud-
ies indicate that in urban communities just under half of the U.S. population
is exposed 10 Ly, levels of 55 dBA or greater. The World Health Orgamization
(WHO, 1999) has stated that serious annoyance may occur for a Ly, of approx-
imately 55 dBA, while moderate annoyance will have a threshold of about 50
dBA. Tt further recommends that the maximum level Lyq. at night should not
exceed 40 dBA.

A possible reason for the 65-dBA level used by the FAA and DOD is that
people near airports, on average, have learned to accept higher noise levels or, if
not, they have moved away. This also assumes that the airport’s relations with the
communities surrounding it are good. Quiet rural communities seem to demand
lower (510 dBA) noise levels.

20.5 TYPICAL URBAN NOISE

A summary of A-weighted noise levels measured in U.S. city areas, daytime
and nighttime, is given in Fig. 20.5. Trucks and buses are principal sources of
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Quiet residential
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FIGURE 20.5 Schematic display of typical A-weighted noise levels by day and by

mght in different U.S. urban areas.* Noise around industrial areas is frequently caused by
trucks.

noise. Parenthetically, the levels in this figure are not L, but rather A-weighted
levels in a residential area that vehicles produce when they travel on the streets
surrounding that neighborhood. In urban residential areas, the noise is frequently
the roar of traffic on thoroughfares that ay be up to a kilometer away. Traffic
noise is likely to be relatively steady and go on all night at a reduced level. If
thoroughfares exist on two or more sides of an area, the noise is often nearly
uniform over the area.
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21.1 WHERE TO FIND AND HOW TO SELECT U.S. NATIONAL
AND ISO STANDARDS

This chapter 1s arranged to provide the titles of North American and interna-
tional (ISO) standards of interest to noise control engineers, according to specific
noise control technology categories such as absorption and insulation (isolation).
Acoustical terminology may be found in ANSI S1.1-1994 (R1999), Acoustical
Terminology and ASTM C634, Standard Terminology Relating to Environmental
Acoustics. The titles of some standards listed here are truncated to save space.
Verbal descriptions, if offered, are brief. As with any techmology, state-of-the-art
advances bring updated versions of many of these documents. These standards
are periodically reviewed and possibly revised by the responsible committees,
often on a five-year cycle. A few ANSI standards have become an adopta-
tion of the corresponding ISO document, indicated as “Adoption” or “NAIS”
(Nationally Adopted International Standard). The reader is encouraged to search
anew for recent revisions of these documents. Be advised that some engineering
applications may specify past versions, especially as part of a long procurement
program or arbitrated contract. It is up to the reader to determine, in partici-
pation with interested parties as necessary, which version to use. For the latest
standards version, often listed according to the standard’s numeral title (e.g.,
ANSI S12.19 can be found by searching www.ansi.org for 512.19), see the

LYE
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public Internet web page listing by the providing agencies. Some of these agency
pages ate:

WWW.ANSLorg (ANSDH

Wxivw.ari.erg {ARI—free downloads)
www.asastore.aip.org (ANSI + ISO standards available).
www.ashrae.com (ASHRAE)

www.asme.org (ASME)

www.astm.org (ASTM)

www.iec.ch (IEC)

www, 1so.ch (IS0)

www.nssn.org (National Standards Systems Network, all standards available)
www.sae.org (SAFE}

21.2 SOUND LEVEL MEASUREMENTS

Instrumentation

Standards for noise-measuring instruments, generally measuring sound pressure

instrumments (audiometry). Common soundzmeasuring instruments include sound-
level meters, calibrators, filters, and microphones. The most common sound
measurement instruments for noise control are specified in ANSI S1.4. Such
an instrument comprises a pressure sensor such as a condenser microphone, an
amplifier with special wide-band and narrow-band filters, time-averaging circuits,
a display, and some memory functions. The precision varies as type 0 (most
accurate) to type 2 (least accurate). This entire system can be calibrated at any
time with an appropriate calibrator. The acoustical velocity 1s rarely measured
in practice, except for the use of dynamic (velocity) microphones for some
audio purposes. The “intensity” method corabines SPL and acoustical velocity
measurements at a point to compute the intensity value at that point. Applicable
standards are as follows: .

ANSI 51.4-1983 (R2001), Specification for Sound Level Meters. Couforms
closely to the TEC standard for sound-level meters, Publication 651, first edition,
issued n 1979, but improved for measurement of transient sound signals and
it permits the use of digital displays, rigorous definition of the fast and slow
exponential time averaging, increase in the crest factor requirement to 10 for
type 1 instruments, specification of a type 0 laboratory instrument with generally
smaller tolerance limits than specified for type 1, and deletion of the type 3 survey
instrument. The corresponding IEC standard (JEC 61672-1:2002 and IEC.61672-
2:2003) contains more stringent environmental requirements. In 2003, ANSI S1.4
was under revision to better correspond. .
ANSI §1.6-1984 (R2001), Preferred Frequencies, Frequency Levels, and Band
Numbers for Acoustical Measurements.

level (SPL) or “sound level,” are listed separate from hearing-measuring

%
i
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ANSI S1.8-1989 (R2001), Reference Quantities for Acoustical Levels.

ANSIT §1.9-1996 (R2001), Instruments for the Measurement of Sound Intensity.
Requirements for instruments to measure sound intensity employing the two-
microphone technique. Similar to TEC 1043.

ANSI 81.10-1966 (R2001), Method for the Calibration of Microphones.

ANSI S1.11-1986 (R1998), Specification for Octave-Band and Fractional-
Octave-Band Analog and Digital Filters. Performance requirements for fractional-
octave-band bandpass filters, in particular octave-band and one-third-octave-band
filters, applicable to passive or active analog filters that operate on continuous-
time signals to analog and digital filters that operate on discrete-time signals
and to fractional-octave-band analyses synthesized from narrow-band spectral
coroponents. Four accuracy grades are. allowed: the most accurate for precise
analog and digital filters. The two least accurate grades meet the requirements of
81.11-1966. Also see IEC 61260:1995.

ANSI S1.14-1998, Recommendations for Specifying and Testing the Suscep-
tibility of Acoustical Instruments to Radiated Radio-Frequency Electromagnetic
Fields, 25 MHz to 1 gHz.

ANSI §1.15-1997/Part 1 (R2001), Measurement Microphones. Part 1. Speci-
Jications for Laboratory Standard Microphones. This is comparable to the inter-
national standard TEC 1094-1:1992, “Measurement Microphones—Part 1: Spec-
ifications for Laboratory Standard Microphones.”

ANSI S1.16-2000, Method for Measuring the Performance of Noise Discrim-
inating and Noise Canceling Microphones.

ANSI §1.17-2004/Part 1, Measurement and Specifications of Insertion Loss of
Wind Screens in Still or Slightly Moving Air. Determines the insertion loss of wind
screens when installed on measuring microphones over a defined frequency range.

ANSI S1.40-1984 (R2001), Specification for Acoustical Calibrators. Require-
ments for coupler-type acoustical calibrators, including the SPL in the coupler,
the frequency of the sound, and the determination of the influence of atmospheric
pressure, temperature, humidity, and magnetic fields on the pressure level and
frequency of the sound produced by the calibrator. (Also see IEC 60942:2003.)

ANSY S1.42-2001, Design Response of Weighting Networks for Acoustical
Measurements.

ANSI S1.43-1997 (R2002), Specifications for Integrating Averaging Sound
Level Meters. Consistent with the relevant requirements of ANSI S1.4-1983
(R1997) but specifies additional characteristics needed to measure the time-
average SPL of steady, intermittent, fluctuating, and impulsive sounds. (See also
IEC 61672-1:2002 and IEC 61672-2:2003.)

ANSI S12.3-1985 (R2001), Statistical Methods for Determining and Verifving
Stated Noise Emission Values of Machinery and Equipment. Preferred methods for
determomning and verifying noise emission values for machinery and equipment
which are stated in product literature or labeled by other means.

8PL Measurement Techniques

ANSI 51.13-1995 (R1999), Measurement of Sound Pressure Levels i Air. Pro-
cedures for the measurement of sound levels 1n air at a single point indoors but
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may be utilized in outdoor measurements under specified conditions. Includes
identification of prominent discrete tones.

ASTM E1014-2000. Measurement of Outdoor A-Weighted Sound Levels. A
guide for measuring outdoor sound levels over various time periods, intended to
be used by practitioners in the field as well as by members of the general public
who have little or no special technical training in areas relating to acoustics.

ANSI S81.25-1991 (R2002), Specification for Personal Noise Dosimeters.
Makes provision for three exchange rates: 3, 4, and 5 dB per doubling of exposure
time. Provides tolerances for the entire instruments, parameters, including
frequency response, exponential averaging employing slow and fast transient
time response, threshold, and dynamic range, for SPL. measurement in a random-
incidence sound field without the presence of a person wearing the instrument.

ANST S12.19-1996 (R2001), Measurement of Occupational Noise Exposure.
Methods that can be used to measure a person’s noise exposure received in a
workplace. Provides uniform procedures and repeatable results for the measure-
ment of occupational noise exposure.

ISO 11204:1993, Noise Emitted by Machinery and Equipment—Measurement
of Emission Sound Pressure Levels at a Work Station and at Other Specified Posi-
tions——Method Requiring Environmental Corrections.

Intensity Instruments and Measurement Techniques

ANSI §1.9-1996 (R2001), Instruments for the Measurement of Sound Intensity.
Requirements for mstruments to measure Sound mtensity employing the two-
microphone technique. Similar to TEC 1043.

ANST S12.12-1992 (R2002), Standard Engineering Method for the Determi-
nation of Sound Power Levels of Noise Sources Using Sound Intensity. Measures
the sound power level of noise sources in indoor or outdoor environments using
sound inténsity instrumentation.

1SO 9614-1:1993, Determination of Sound Power Levels of Noise Sources
Using Sound Intensity. Part 1: Measurement at Discrete Points. Part 2: Measure-
ment by Scanning.

21.3 SOUND POWER MEASUREMENT TECHNIQUES

ANSI 512.5-1990 (R1997), Requirements for the Performance and Calibration of
Reference Sound Sources. Requirements, including free-field laboratory calibra-
tion above a reflecting plane, for reference sound sources used in the substitution
measurement of sound power.

ANSI S12.11-1987 (R1997), Method for the Measurement of Noise Emitted by
Small Air-Moving Devices. Measures sound power emitted by small air-moving
devices, reported as the noise power enussion level in bels. Includes device-
mounting methods, test environmental conditions, and device operation method
during the tests.

ISO 10302:1996, Method for the Measurement of Airborne Noise Emitted by
Small Air-Moving Devices.

|
i
i
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ANSI §12.15-1992 (R2002), Measurement of Sound Emitted by Portable Elec-
tric Power Tools, Stationary and Fixed Electric Power Tools, and Gardening
Appliances. Methods for SPL measurement and the subsequent calculation of
sound power levels.

ANSI §12.23-1989 (R2001), Method for the Designation of Sound Power Emit-
ted by Machinery and Equipment. BExpressing the noise enussion of machinery and
equipment as overall A-weighted sound power on labels or other noise emission
documentation.

ANSI $12.30-1990 (R2002), Guidelines for the Use of Sound Power Standards
andfor the Preparation of Noise Test Codes. Six standards for determining the sound
power levels of equipment for sound test codes for machines and equipment.

ANSI §12.35-1990 {(R2001), Precision Methods for the Determination of Sound
Power Levels of Noise Sources in Anechoic and Hemi-Anechoic Rooms. Deter-
mination of the sound power levels of noise sources in laboratory anechoic or
hemi-anechoic room, the instrumentation, installation, source operation, SPL mea-
surement surface; calculation of sound power level, directivity index, and directivity
factor.

ANSI $512.44-1997 (R2002), Methods for Calculation of Sound Ewmitted by
Machinery and Equipment at Workstations and Other Specified Positions from
Sound Power Level. Determining emission SPLs from the sound power level
values of machinery and equipment at workstations and other locations.

ANSI 512.50-2002 National Adopted International Standard (NAIS), Derer-
mination of Sound Power Levels of Noise Sources—Guidelines for the Use of
Basic Standards. Adoption of ISO 3740:2000. Summaries of ISO 37413747
and selection of one or more standards appropriate to any particular type (Clause
6 and Annex D). Used in the preparation of noise test codes (see ISO 12001)
and noise testing where no specific noise test code exists.

ANSI §12.51-2002 (including Corrigendum 1:2001) NAIS standard, Acous-
tics—Determination of Sound Power Levels of Noise Sources Using Sound Pres-
sure— Precision Method for Reverberation Rooms. Adoption of 1ISO 3741:1999,
a direct method and a comparison method for determining the sound power level
produced by a source in a standard environment.

ANSIS12.53/1-1999 180 3743-1:1994, Determination of Sound Power Levels of
Noise Sources—Engineering Methods for Small, Movable Sources in Reverberant
Fields. Part 1: Comparison Method for Hard-Walled Test rooms. (Adoption of ISO
3743-1.) Part 2: Methods of Special Reverberation Test Rooms. (Adoption of ISO
3743-2.)

ANSI §12.54-1999 ISO 3744:1994, Determination of Sound Power Levels of
Noise Sources-Using Sound Pressure— Engineering Method in an Essentially Free
Field over a Reflecting Plane. Adoption of ISO 3744, sound power engineering
accuracy, measurement by the comparison method in an anechoic environment.

ANSI 512.56-1999 ISO 3746:1995, Determination of Sound Power Levels
of Noise Sources Using Sound Pressure—Survey Method Using an Enveloping
Measurement Surface over a Reflecting Plane. Adoption of ISO 3746, determining
the sound power level of sound sources In Situ, especially if nonmovable, in




916 ACOUSTICAL STANDARDS FOR NOISE AND VIBRATION CONTROL.

octave bands from which the A-weighted sound power level 1s calculated. The
accuracy will be that of either an engineering method or a survey method.

ART 250-2001, Performance and Calibration of Reference Sound Sources.

ARI 280-95, Requirements for the Qualification of Reverberant Rooms in the
63 Hz Octave Band.

ASTM E1124-97, Standard Test Method for Field Measurement of Sound
Power Level by the Two-Surface Method. An In Situ survey measurement of
sound power level with sound pressure measurements at two concentric surfaces.

ISO 3740:2000, Determinarion of Sound Power Levels of Noise Sources—
Guidelines for the Use of Basic Standards.

180 3741:1999, Determination of Sound Power Levels of Neise Sources Using
Sound Pressure—Precision Methods for Reverberation Rooms.

ISO  3743-1:1994, Determination of Sound Power Levels of Noise
Sources—Engineering Methods for Small, Movable Sources in Reverberant
Fields. Part 1. Comparison Method for Hard-Walled Test Rooms. Part 2: Methods
for Special Reverberation Test Rooms.

1SO 3744:1994, Determination of Sound Power Levels of Noise Sources Using
Sound Pressure— Engineering Method in an Essentially Free Field over a Reflect-
ing Plane.

ISO 3745:1977, Determination of Sound Power Levels of Noise Sources— Pre-
cision Methods for Anechoic and Semi-Anechoic Rooms.

18O 3746:1995, Determination of Sound Power Levels of Noise Sources Using
Sound Pressure—Survey Method Using ari Enveloping Measurement Surface over
a Reflecting Plane.

ISO 3747:2000, Determination of Sound Power Levels of Noise Sources Using
Sound Pressure—Comparison Method In Situ.

ISO 5135:1997, Determination of Sound Power Levels of Noise from Air-
Terminal Devices, Air-Terminal Units, Dampers and Valves by Measurement in
a Reverberation Room.

ISO 5136:1990, Determination of Sound Power Radiated into a Duct by
Fans—In-Duct Method.

5 IS0 6926:1999, Requirements for the Performance and Calibration of Refer-
ence Sound Sources Used for the Determination of Sound Power Levels.

21.4 MACHINERY NOISE EMISSION MEASUREMENT TECHNIQUES

ANSI S12.1-1983 (R2001), Guidelines for the Preparation of Standard Proce-
dures to Determine the Noise Emission from Sources. Included are the general
questions to be asked during development of a measurement procedure. Included
are prefatory material, measurement conditions, measurement operations, data
reduction, preparatton of a test report, and guidelines for the selection of a
descriptor for noise emission.

ANSI §12.10-2002 1SO 7779:1999 NAIS standard, Measurement of Airborne
Noise Emitted by Information Technology and Telecommunications Equipment.
Adoption of ISO 7779:1999 and its amendment ISO 7779: 1999/FDAM 1.

MACHINERY NOISE EMISSION MEASUREMENT TECHNIQUES M7

ANSI $12.16-1992 (R2002), Guidelines for the Specification of Noise of New
Machinery. Methods to calculate workplace noise SPL from test data produced
by manufacturers of stationary equipment. This references existing ANSI, trade,
and professional association measurement standards and techniques to be used by
manufacturers to produce individual raw machine sound power or SPL test data.

ANSI 812.43-1997 (R2002), Methods for the Measurement of Sound Emit-
ted by Machinery and Equipment at Workstations and Other Specified Positions.
Three methods to measure SPLs: (1) in a free field over a reflecting plane,
(2) in normal operating environments, and (3) when operating in their normal
environments when less accurate measurements are acceptable.

ARI 530-95, Method of Measuring Sound and Vibration of Refrigerant Com-
Pressors.

ARI 575-94, Method of Meusuring Machinery Sound within an Equipment
Space.

ISO 4412-1:1991, Hydraulic Fluid Power—Test Code for Determination of
Airborne Noise Levels. Part 11 Pumps. Part 2: Motors. Part 3: Pumps—DMethod
Using a Parallelepiped Microphone Array.

ISO 4871:1996, Declaration and Verification of Nvise Emission Values of
Machinery and Equipment.

ISO 7574-1:1985, Statistical Methods for Determining and Verifying Stated
Noise Emission Values of Machinery and Equipment. Part 1: General Considera-
tions and Definitions. Part 2: Methods for Stated Values for Individual Machines.
Part 3: Simple (Transition) Method for Stated Values for Batches of Machines.
Part 4: Methods for Stated Values for Batches of Machines.

IS0 7779:1999, Measurement of Airborne Noise Emitted by Information Tech-
nology and Telecommunications Equipment.

ISO 9295:1988, Measurement of High-Frequency Noise Emitted by Computer
and Business Equipment.

ISO 9296:1988, Declared Noise Emission Values of Computer and Business
Equipment.

ISO 9611:1996, Characterization of Sources of Structure-Borne Sound with
Respect to Sound Radiation from Connected Siructures—Measurement of Velocity
at the Contact Points of Machinery When Resiliently Mounted.

ISO 11200:1993, Noise Emitted by Machinery and Equipment— Guidelines
for the Use of Basic Standards for the Determination of Emission Sound Pressure
Levels at a Work Station and at Other Specified Positions.

ISO 11201:1995, Noise Emitted by Machinery and Equipment—Measurement
of Emission Sound Pressure Levels at a Work Station and at Other Specified
Positions—Engineering Method in an Essentially Free Field over a Reflecting
FPlane.

ISO 11202:1995, Nowe Emitted by Machinery and Equipment—Measurement
of Emission Sound Pressure Levels at a Work Station and at Other Specified Posi-
tions—Survey Method Tn Situ,
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ISO 11203:1993, Noise Emitted by Machinery and Equipment— Determination
of Emission Sound Pressure Levels at a Work Station and at Other Specified Posi-
tions from the Sound Power Level.

ISO 10846, Acoustics and Vibration—Laboratory Measurement of Vibro-
Acoustic Transfer Properties of Resilient Elements. Part 1-—1997: Principles and
Guidelines. Part 2-—1997: Dynamic Stiffness of Elastic Supports. for Translatory
Motion—Direct Method. Part 3—2002: Indirect Method for Determination of the
Dynamic Stiffness of Resilient Supports for Translatory Motion. ’

ISO 116901, Recommended Practice for the Design of Low-Noise Workplaces
Contairang Machinery. Part 1: Noise Control Strategies. Part 2: Notse Control
Measures. Part 3: Sound Propagation and Notse Prediction in Workrooms.

21.5 IMPACT OF NOISE IN WORKPLACE

Two qualities of workplace noise are of concern as they affect damage to hearing and
speech communication. Environmental noise includes vibration and infrasound.
Hearing conservation measurements are of two forms: measurement of hearing
acuity and measurement of noise levels in work and recreational environments.

Hearing Testing {Audiometry) Equipment and Procedures

ANSI S3.1-1999, Maximum Pemissible:iémbient Noise Levels for Audiometric
Test Rooms. Specifies maximum permissible ambient noise levels (MPANLS)
allowed m an audiometric test room.

ANSI $3.6-1996, Specification for Audiometers. The audiometers covered in
thus specification are devices designed for use m determimng the hearing threshold
of an individual in comparison with a chosen standard reference threshold level.

ANSI 83.21-1978 (R1997), Methods for Manual Pure-Tone Threshold Audiom-
etry. Outlines. the procedure for pure-tone threshold audiometry used in the
assessment of an individual’s threshold of hearing for pure tones.

1SO 226:1987, Normal Equal-Loudness Level Contours. Data in this standard
formed the basis for the dBA and dBC curves used in noise measurement.

ISO 389, 1964 Acoustics, Standard Reference Zero for the Calibration of Pure-
Tone Audiometers. Part 1: Reference Equivalent Sound Pressure Levels for Pure
Tones and Supra-Aural Earphones. Part 2: Reference Equivalent Threshold Sound
Pressure Levels for Pure Tones and Insert Earphones. These data are also shown
in ANSI 83.6-1996.

ISO 6189:1983, Pure Tone Air Conduction Threshold Audiometry for Hearing
Conservation Purposes. Outlines the procedure for testing hearing thresholds as
well as describes the conditions of the testing. Part of this standard is similar to
information found in ANSI §3.21-1978 (R1997).

ISO 7029:2000, Statistical Distribution of Hearing Thresholds as a Function
of Age. Gives expected threshold values for men and women without a history
of noise exposure. Data are utilized m ISO 1999 and ANSI §3.44-1996.
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ISO 8253-1:1989, Audiometric Test Methods—Part 1. Basic Pure Tone Air
and Bone Conduction Threshold Audiometry. Part 2: Sound Field Audiometry
with Pure Tone and Narrow-Band Test Signals. Part 3. Speech Audiomerry.

ISO 11904-1:2002, Determination of Sound Immission from Sound Sources
Placed Close to the Ear. Part 1: Technique Using a Microphone in a Real Ear
(MIRE Technique). Some of the data in this standard are similar o that m ANSI
S12. 42-1995 (R1999).

IEC 60645-1 BEd 2.0 b: 2001, Electroaccustics—Audiological Equipment.
Part I Pure-Tone Audiometers. Has material also found in ANST $3.6-1996,

Hearing Conservation Programs

ANSI 53.44-1996 (R2001), Determination of Occupational Noise Exposure and
Estimation of Noise-Induced Hearing Impairment. Adoption of ISO 1999:1990(E)
of the same name; however, 53.44 allows assessment of noise exposure using
a tume—intensity trading relation other than a 3-dB increase per halving of
exposure time.

ANSI S12.6-1997 (R2002), Methods for Measuring the Real-Ear Attenua-
tion of Hearing Protectors. Specifies laboratory-based procedures for measuring,
analyzing, and reporting the noise-reducing capabilities of conventional passive
hearing protection devices.

ANSI Technical Report $12.13 TR-2002, Evaluating the Effectiveness of Hear-
ing Conservation Programs through Audiometric Data Base Analysis. Describes
methods for evalvating the effectiveness of hearing conservation programs in
preventing occupational noise-induced hearing loss by using techniques for audio-
metric database analysis.

ANSI 512.42-1995 (R1999), Microphone-in-Real-Ear and Acoustic Test Fix-
ture Methods for the Measurement of Insertion Loss of Circumaural Hearing
Protection Devices. Describes the microphone-in-real-ear and the acoustical test
fixture methods for the measurement of the isertion loss of circumaural earmuffs,
helmets, and communications headsets.

ISO 1999:1999, Acoustics—Determination of Occupational Noise Exposure
and Estimation of Noise-Induced Hearing Impairment. Similar to ANSI $3.44-
1996 except that ISO 1999°is more restrictive.

ISO 4869-1:1990, Hearing Protectors—Part 11 Subjective Method for the
Measurement of Sound Attenuation. Part 2. Estimation of Effective A-Weighted
Sound Pressure Levels When Hearing Protectors Are Worn. Part 3: Simplified
Method for the Measurement of Insertion Loss of Ear-Muff Type Protectors for
Quality Inspection Purposes. Part 4. Measurement of Effective Sound Pressure
Levels for Level-Dependent Sound-Restoration Ear-Muffs.

ISO 7029°2000, Statistical Distribution of Hearing Thresholds as a Function
of Age.

IS0 9612:1997, Guidelines for the Measurement and Assessment of Exposure
to Noise in a Working Environment.
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8peech Communication Metrics

ANSI 83.2-1989 (R1999), Method for Measuring the Intelligibility of Speech over
Communication Systems. A revision of ANSI S3.2-1960 (R1982). Provides three
alternative sets of lists of English words to be spoken by trained talkers over the
speech communication system to be evaluated.

ANSI S3.4-1980 (R1997), Procedure for the Computation of Loudness of Noise.
Specifies a procedure for calculating the loudness of certain classes of noise.

ANSI 83.5-1997 (R2002), Methods of the Calculation of the Speech Intelligi-
bility Index (SI1). Computation of the SI based on the intelligibility of speech as
evaluated by speech perception tests given a group of talkers and listeners.

ASTM 1130-2002, Objective Measurement of Speech Privacy in Open Offices
Using Articulation Index (Al). Computation of the Articulation Index (AT} from
standard speech levels, ambient noise, and articuiation weighting factors.

ANSI 83.14-1977 (R1997), Rating Noise with Respect to Speech Interference.
Defines a simple numerical method for rating the expected speech-interfering aspect
(Speechlnterference Level, SIL) of noise using acoustical measurements of the noise.

ISO/TR 3352, 1974, Acoustics—Assessment of Noise with Respect to Its Effect
on the Intelligibility of Speech. This technical report has never been approved as
a standard in part because of the concern over whether the impact of noise is
similar for each language.

ISO/TR 4870:1991, The Construction and Calibration of Speech Intelligibil-

ity Tests. g

Environmental Noise SPL Measurement Methods

Environmental noise SPL measurements are typically made outdoors to mirror
most regulations. Sound measurement locations are often near houses or in empty
fields and near transportation and industrial noise sources. In addition to meeting
all the requirements of ANSI S1.4, this acoustical equipment and its application
must be tolerant of wind, rain, birds, insects, and mechanical abuse. Primary
noise sources include transportation (aircraft, road traffic, trains, etc.), industrial
facilities, neighborhood noise (pets, heating, ventilation, and air conditioning),
recreational noise (shooting ranges, races, and music venues).

ANSI 812.18-1994 (R1999), Procedures for Outdoor Measurement of Sound
Pressure Level. Procedures for the measurement of SPLs outdoors, consider-
ing ground effects and refraction due to wind and temperature gradients and
to turbulence. Measurement of SPLs produced by specific sources outdoors.
Method 1: general method, outlines conditions for routine measurements. Method
2: precision method, describes strict conditions for more accurate measurements,
providing short-term A-weighted SPL or time-averaged SPL, A-weighted or in
octave- or in one-third-octave or narrow-band SPL, but does not preclude deter-
mination of other sound descriptors.

ASTM E1014-84(2000), Standard Guide for Measurement of Outdoor A-
Weighted Sound Levels. Basic technique for performing a reliable A-weighted
sound-level measurement outdoors.

H
i
!
H
1
i

IMPACT OF NOISE IN WORKPLACE 921

ASTM E1503-97, Standard Test Method for Conducting Outdoor Sound Mea-
surements Using a Digital Statistical Analysis System. Covers the measurement
of outdoor sound levels at specific locations using a digital statistical analyzer
and a formal measurement plan.

IS0 7196: 19953, Frequency-Weighting Characteristic for Infrasound Measure-
ments.

ISO 10843:1997, Methods for the Description and Physical Measurement of
Single Impulses or Series of Impulses.

Environmental Noise Measurement Applications

ANSI $12.7-1986 (R1998), Methods for Measurement of Impulse Noise. Measures
impulse noise from discrete events, such as quarry and mining explosions or sonic
boorus, or from multiple-event sources such as pile drivers, riveting, or machine-
gun firing. Data may be reported as time variation of the sound pressure, with or
without frequency weighting, and sound exposure level.

ANSI 812.8-1998 (R2003), Methods for Determining the Insertion Loss of
Outdoor Noeise Barriers. Determine the insertion loss of outdoor noise barriers,
including direct before and after measurements, indirect before measurements
at an “equivalent” site, and indirect predictions of “before” sound levels. Indi-
rect before measurements and indirect before prediction methods require direct
measurements of “after” sound levels. May use sound sources naturally present
at a site, controlled natural sound sources, or controlled artificial sound sources.
Receiver location and atmospheric, ground, and terrain conditions may be chosen.
‘Worksheets are provided

ANSI $12.9-1988 (R2003), Quantities and Procedures for Description and
Measurement of Environmental Sound. Part 1: Basic Quantities for Description of
Sound in Community Environments and General Procedures for Measurement of
These Quantities. Part 2: Measurement of Long-Term, Wide Area Sound. Part 3:
Short-Term Measurements with an Observer Present. Part 4: Noise Assessment
and Prediction of Long-Term Community Response. Part 5: Sound Descriptors
for Determination of Compatible Land Use. Part 6: Methods for Estimation of
Awakenings Associated with Aircraft Noise Events Heard in Homes.

ANSV/ASME PTC 36-1985 (R1998), Measurement of Industrial Sound. Pro-
cedures for measuring and reporting airborne sound emissions from mechanical
equipment.

ARI 260-2001, Sound Rating of Ducted Air Moving and Conditioning Equip-
ment.

ARI 270-95, Sound Rating of Outdoor Unitary Equipment.

AR 275-97, Application of Sound Rating Levels of Outdoor Unitary Equip-
ment.

ARI 300-2000, Sound Rating and Sound Transmission Loss of Packaged Ter-
minal Equipment.

ARI 350-2000, Sound Rating of Non-Ducted Indoor Air-Conditioning Equip-
ment.
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ARI 370-2001, Sound Rating of Large Outdoor Refrigerating and Air-
Conditioning Equipment.

IS0 1996, Description and Measurement of Environmental Noise. Part 1-2003:
Basic Quantities and Assessment Procedures. Part 2-1987: Acguisition of Data
Pertinent to Land Use. Part 3-1987: Application to Noise Limits.

ISO 3891:1978, Procedure for Describing Aircraft Noise Heard on the Ground.

ISO 8297:1994, Determination of Sound Power Levels of Multisource Indus-
trial Plants for Evaluation of Sound Pressure Levels in the Environment— Erigi-
neering Method.

I1SO 10847:1997, In-Situ Determination of Insertion Loss of Outdoor Noise
Barriers of All Types. See also ANSI S12.8.

ISO/TS 13474:2003, Impulse Sound Propagation for Environmental Noise
Assessment.

SAE J1075 (revised June 2000), Surfoce Vehicle Standard (R) Sound Mea-
surement— Construction Site. Procedures and instrumentation to be used for
determining a representative sound level during a representative time period at
selected measurement locations on a construction site boundary.

Environmental Sound Propagation Qutdoors

ANSI S1.18-1999, Template Method for Ground Impedance. Procedures for
obtaining the real and imaginary parts of the specific acoustical impedance of
natural ground surface outdoors. g

ANSI S51.26-1995 (R1999), Method for Calculation of the Absorption of Sound
by the Atmosphere. Still-atmosphere absorption losses of sound for a wide range
of meteorological conditions. .

ANSI §12.17-1996 (R2001), Impulse Sound Propagation for Environmental
Noise Assessment Response. Engineering methods to calculate the propagation
and attenuation of high-energy impulsive sounds through the atmosphere. it
estimates the mean C-weighted sound exposure level of impulsive sound at dis-
tances ranging from 1 to 30 km, applicablg for explosive masses between 50 and
1000 kg.

ISO 9613, Attenuation of Sound during Propagation Outdoors. Part 1-
1993: Calculation of the Absorption of Sound by the Atmosphere. Aftennation
of Sound During Propagation Outdoors. Part 2-1996: General Method of
Calculation. Propagation aftenuation, including barrier attenvation calculations,
excess attenuation by hard and soft ground surfaces, and attenuation of sound by
rows of buildings and by trees and shrubs.

ISO/TS 13474:2003, Impulse Sound Propagation for Environmental Noise
Assessment,

Environmental Vibrations

ANSI S3.18-2002, NAIS Standard Mechanical Vibration and Shock—Evaluation
of Human Exposure to Whole-Body Vibration. Part 1: General Requirements. Part
of ISO 2631 defining methods for the measurement of periodic, random, and
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transient whole-body vibration. It indicates the principal factors that combine to
determine the degree to which a vibration exposure will be acceptable.

ANSI §3.29-1983 (R2001), Guide to the Evaluation of Human Exposure to
Vibration in Buildings. Reactions of humans to vibrations of 1-80 Hz inside
buildings are assessed as degrees of perception and associated vibration levels
and duration.

ANST 83.34-1986 (R1997), Guide for the Measurement and Evaluation of
Human Exposure to Vibration Transmitted to the Hand. The recommended method
for the measurement, data analysis, and reporting of human exposure to hand-
transmitted vibration.

ANSI 53.40-2002, NAIS Standard Mechanical Vibration and Shock—Hand-
Arm Vibration—Method for the Measurement and Evaluation of the Vibration
Transmissibility of Gloves at the Palm of the Hand. Adoption of 1SO 10819:1996.
A method for the laboratory measurement, data analysis, and reporting of the
vibration transmissibility of gloves of vibrations from a handle to the palm of
the hand in the frequency range 31.5-~1250 Hz.

ISO 2631, Mechanical Vibration and Shock— Evaluation of Human Exposure
to Whole-Body Vibration. Part 1-1997: General Requirements. Part 2-1989: Con-
tinuous and Shock-Induced Vibrations in Buildings (1 to 80 Hz). Part 4-2001:
Guidelines for The evaluation of the Effects of Vibration and Rotational Motion
on Passenger and Crew Comfort in Transport Systems.

ISO 2671:1982, Environmental Tests for Aircraft Equipment— Part 3.4: Acous-
tic Vibration.

ISO 4866:1990, Mechanical Vibration and Shock— Vibration of Buildings—
Guidelines for the Measurement of Vibrations and Evaluation of Their Effects on
Building. .

1SO 4867:1984, Code for the Measurement and Reporting of Shipboard Vibra-
tion Data.

ISO 5007:2003, Agricultural Wheeled Tractors— Operator’s Seat—Labora-
tory Measurement of Transmitted Vibration.

ISO 5008:2002, Agricultural Wheeled Tractors and Field Machinery—Mea-
surement of Whole-Body Vibration of the Operator.

18O 5347-3:1993, Calibration of Vibration and Shock Pick-ups. Part 3: Sec-
ondary Vibration Calibrasion. Part 4: Secondary Shock Calibration. Part 5: Cali-
bration by Earth’s Gravitation. Part 6; Primary Vibration Calibration at low Fre-
quencies. Part 7: Primary Calibration by Centrifuge. Part 8: Primary Calibration
by Dual Centrifuge. Part 10: Primary Calibration by High Impact Shocks. Part 11:
Tesning of Transverse Vibration Sensitiviry. Part 12: Testing of Transverse Shock
Sensitiviry. Part 13: Testing of Base Strain Sensitivity. Part 14: Resonance Fre-
quency Testing of Undamped Accelerometers on a Steel Block. Part 15: Testing of
Acoustic Sensitivity. Part 16: Testing of Mounting Torque Sensitivity. Part 17: Test-
ing of Fixed Temperature Sensitivity, Part 18: Testing of Transient Temperature
Sensitivity. Part 19: Testing of Magnetic Field Sensitivity. Part 22: Accelerometer
Resonance Testing— General Methods.

ISO 5348:1998, Mechanical Mounting of Accelerometers.
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1SO 5349-1:2001, Mechanical Vibration——Guidelines for the Measurement and
the Assessment of Human Exposure to Hand-Transmitted Vibration. Parts of this
standard are similar to ANST $3.34-1986 (R1997). Part 2: Pracrical Guidance
for Measurement ut the Workplace.

ISO 5805:1997, Mechanical Vibration and Shock—Human Exposure—Voca-
bulary.

1SO 8041:1990, Human Response to Vibration—Measuring Instrumentation.

1SO 13091-1:2001, Mechanical Vibration— Vibrotactile Perception Thresholds
for the Assessment of Nerve Dysfunction. Patt 1: Methods of Measurements at the
Fingertips.

18O 8042:1988, Characieristics to be Specified for Seismic Pick-Ups.

1SO 9022-10:1998, Opiics and Optical Instrumenis— Environmental Test Meth-
ods. Part 10: Combined Sinusoidal Vibration and Dry Heat or Cold. Part 15:
Combined Digitally Controlled Broad-Band Random Vibration and Dry Heat
or Cold.

21.6 VEHICLE EXTERIOR AND INTERIOR NOISE

There are many SAE and ISO standards dealing with the source of noise emis-
sions of various motor vehicles, including road vebicle (automobiles, trucks,
buses, and motorcycles), trains, boats, aircraft, construction equiprment (e.g.,
dozer), agricultural equipment (e.g., tractgr), and small-engine equipment (e.g.,
lawn edger). Full listings of these standards are maintained at the SAE and
ISO websites. The following is a sampling of these standards. Quite a few are
identically SAE and ISO standards. ’

Vehicle Noise — Interior Noise Measurement Techniques |

it

ISO 2923:1996, Measurement of Noise on Board Vessels. -

1SO 3095:1975, Measurement of Noise Emitted by Railbound Vehicles.

ISO 3381:1976, Measurement of Noise Inside Railbound Vehicles.

1SO 5128:1980, Measurement of Noise Inside Motor Vehicles.

I1SO 5129:2001, Measurement of Sound Pressure Levels in the Interior of Air-
craft During Flight.

ISO 5130:1982, Measurement of Neise Emitted by Stationary Road
Vehicles—Survey Method.

ISO 5131:1996, Tractors and Machinery for Agriculture and Forestry—~Mea-
surement of Noise at the Operator’s Position—=Survey method.

ISO 7188:1994, Measurement of Noise Emitted by Passenger Cars under Con-
ditions Representative of Urban Driving.

ISO 11819-1:1997, Measurement of the Influence of Road Suifaces on Traffic
Noise. Part 1: Statistical Pass-By Method.

Road Surface Sound Absorption
See I1SC 13472 below under Sound Absorption.
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Vehicle Noise - Exterior Noise Measurement (Noise Emission)
Techniques

SAE J366, Exterior Sound Level for Heavy Trucks and Buses (APR 2001). Test
procedure, environment, and instrumentation for determining the maximum exte-
rior sound level for highway motor trucks, truck tractors, and buses.

ISO 3095:1975, Measurement of Noise Emitted by Railbound Vehicles. Obtam-
ing reproducible and comparable measurement results of levels and spectra of
noise emitted by all kinds of vehicles operating on rails or other types of fixed
track except for track maintenance vehicles in operation.

SAE 134 (June 2001), Exterior Sound Level Measurement Procedure for Plea-
sure Motorboats. Procedure for measuring the maximum exterior sound level of
pleasure motorboats while being operated under wide open-throttle conditions.

ISO 362:1998, Measurement of Noise Emitted by Accelerating Road Vehi-
cles—Engineering Method. (Available in English only.}

SAE J16395 (ISO 6395) (February 2003), Measurement of Exterior Noise
Emitted by Earth-Moving Machinery— Dynamic Test Conditions. Determining the
noise emitted to the environment by earth-moving machinery in terms of the
A-weighted sound power level while the machine is working under dynamic test
conditions.

SAE I17216 (ISO 7216) (February 2003), Agricultural and Forestry Wheeled
Tractors and Self-Propelled Machines—Measurement of Noise Emitied When in
Motion. Measuring the A-weighted SPL in an extensive open space of the noise
emitted by agricultural and forestry wheeled tractors and self-propelled machines
fitted with elastic tires while the vehicle is in motion. It 1s not applicable to
special forestry machinery, for example, forwarders, skidders, etc., as defined in
1SO 6814.

ISO 4872:1978, Measurement of Airborne Noise Emitted by Construction
Equipment Intended for Outdoor Use. Method for determining compliance with
noise limits

IS0 6393:1998., Measurement of Exterior Noise Emitted by Earth-Moving
Machinery—Stationary Test Conditions. (Available in English only.)

ISO 6394:1998, Measurement at the Operator’s Position of Noise Emitted
by Earth-Moving Machinery—Stationary Test Conditions. (Available in English
only.}

ISO 6395:1988, Measurement of Exterior Noise Emitted by Earth-Moving
Machinery-—Dynamic Test Conditions.

1SO 6396:1992, Measurement at the Operator’s Position of Noise Emitted by
Earth-Moving Machinery-—Dynamic Test Conditions.

ISO 6798:1995, Reciprocating Internal Combustion Engines—Measurement
of Emitted Airborne Noise—Engineering Method and Survey Method.

ISO 7216:1992, Agricultural and Forestry Wheeled Tractors and Self-Propelled
Muachines—Measurement of Noise Emitted When in Motion.

ISO 7182:1984, Measurement at the Operator’s Position of Airborne Noise
Emitted by Chain Saws.



926  ACOUSTICAL STANDARDS FOR NOISE AND VIBRATION CONTROL

ISO 9645:1990, Measurement of Noise Emitted by Two-Wheeled Mopeds in
Motion—Engineering Method.

ISO 11094:1991, Test Code for the Measurement of Airborne Noise Emiited by
Power Lawn Mowers, Lawn Tractors, Lawn and Garden Tractors, Professional
Mowers, and Lawn and Garden Tractors with Mowing Attachments.

21.7 ARCHITECTURAL NOISE CONTROL. IN BUILDINGS

There are three categonies of sound control standards for buildings. The first 1s
for testing materials that limit sound transmission from one room to another. The
second is to test the sound absorption capability of materials. The third tests the
general capabilities of rooms to cope with sounds within it for favorable (offices,
classrooms, and auditoria) and unfavorable or noisy situations.

Sound Transmission

ASTM ES0-02, Standard Test Method for Laboratory Measurement of Airborne
Sound Transmission Loss of Building Partitions and Elements. Laboratory mea-
surement of airborne sound transmission loss of building partitions such as walls
of all kinds, operable partitions, floor—ceiling assemblies, doors, windows, roofs,
panels, and other space-dividing elements.

ASTM E336-97, Standard Test Method ]cgor Measurement of Airborne Sound

Insulation in Buildings. Determining the sound insulation in the field between

two rooms in a building, The evaluation may be made including all paths by‘

which sound is transmitted or attention may be focused only on the dividing

partition. The word “partition” in this test method mncludes all types of walls;™

floors, or any other boundaries separating two spaces. The boundaries may be
permanent, operable, or movable.

ASTM E413-87 (1999, Classification for Rating Sound Insulation. The meth-
od of calculating, from laboratory or field sound insulation measurements at
frequencies from 125 to 4000 Hz the single-number acoustical rating called sound
transmission class (STC) or field sound transmission class (FSTC) and the single-
number rating between two spaces called the noise isolation class (NIC).

ASTM B497, Practice for Installing Sound-Isolating Lightweight Parfitions.
Preferred design methods for constructing high-noise-insulation walls and
floor/ceilings.

ASTM ES557, Practice for Architectural Application and Installation of Oper-
able Partitions. Preferred design and installation methods for constructing high-
noise-insulation operable partitions in the field.

ASTM E596-96 (2002), Standard Test Method for Laboratory Measurement
of Noise Reduction of Sound-Isolating Enclosures. The reverberation room mea-
surement of the noise reduoction of sound-isolating enclosures.

ASTM E597, Practice for Determining a Single-Number Rating of Airborne
Sound Isolation for Use in Multi-Unit Building Specifications. A short test method
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for field use where a sound source of a standard spectrum is used to test the noise
msulation between two existing rooms in a building. Broadband A-weighted
sound levels are measured. Computation provides a single number sound insula-
tion value analogous to FSTC.

ASTM E966-02, Standard Guide for Field Measurements of Airborne Sound
Insulation of Building Facades and Facade Elements. Procedures for measuring
the sound insulation of an mstalled building facade or facade element (window,
door). These values may be used separately to predict interior levels or combined
into a single number such as by classification E 413 (STC with precautions)
or classification E 1332 (outside—inside transmission class, OTTC) for sound
insulation against transportation noises.

ASTM E492-90 (1996), Standard Test Method for Laboratory Measurement of
Impact Sound Transmission through Floor-Ceiling Assemblies Using the Tapping
Machine. Measurement of impact sound levels (e.g., footfalls) produced by the
ISO tapping machine. Results are used to determine the impact isolation class
(TIC) by E989.

ASTM E989-89 (1999), Standard Classification for Determination of Impact
Insulation Class(IIC). A single-number rating of data from ASTM FE492 and
E1007 for comparing Boor-—ceiling assemblies for general building design pur-
poses. The rating is called an impact insulation class (IIC).

ASTM E1007-97, Standard Test Method for Field Measurement of Tapping
Machine Impact Sound Transmission through Floor-Ceiling Assemblies and Asso-
ciated Support Structures. A field measurement analogous to E492.

ASTM E1123-86 (1998), Standard Practices for Mounting Test Specimens for
Sound Transmission Loss Testing of Naval and Marine Ship Bulkhead Treatment
Materials. Describes test specimen mountings for test method E90, to be used
for naval and marine ship bulkhead noise insulation measurement.

ASTM E1222-90 (2002), Standard Test Method for Laboraiory Measurement
of the Insertion Loss of Pipe Lagging Systems. Covers the measurement of the
msertion loss of pipe lagging systems under laboratory conditions.

ASTM E1289-97, Standard Specification for Reference Specimen for Sound
Transmission Loss. Construction and instaliation of a standard reference specimen
for interlaboratory sound transmission loss measurement evaluation using test
method ES0.

ASTM E1332-90 (1998), Standard Classification for Determination of
Outdoor-Indoor Transmission Class. A single-number rating for exterior doors,
windows, and walls for their noise msulation against ground and air transportation
noise, including aircraft roadway vehicles and trains.

ASTM E1408-91 (2000), Standard Test Method for Laboratory Measuremem
of the Sound Transmission Loss of Door Panels and Door Systems. Laboratory
measurement of the sound transmission loss for door panels and door systems. It
includes specimen-mounting instructions and the force required to close, latch,
unlatch, and open a door.

ASTM E1414-00, Standard Test Merhod for Airborne Sound Attenuation bet-
ween Rooms Sharing a Common Ceiling Plenum. Uses a special laboratory space
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to simulate a pair of adjacent offices or rooms separated by a partition and sharing
a common plenum space {a common economical construction method used for
walls between offices aod classrooms). The only significant laboratory sound
transmission path is by way of the ceiling structure and the plenum space.

18O 140-1:1997, Measurement of Sound Insulation in Buildings and of Build-
ing Elements. Part 1: Requirements for Laboratory Test Facilities with Suppressed
Flanking Transmission. Part 2: Determination, Verification and Application of
Precision Data. Part 3: Laboratory Measurements of Atrborne Sound Insulation
of Building Elements. Part 4: Field Measurements of Airborne Sound Insulation
between Rooms. Part 5: Field Measurements of Airborne Sound Insulation of
Fagade Elements and Fagades. Part 6: Laboratory Measurements of Impact Sound
Insulation of Floors. Part 7: Field Measurements of Impact Sound Insulation of
Floors. Part 8: Laboratory Measurements of the Reduction of Transmitted Impact
Noise by Floor Coverings on a Heavyweight Standard Floor. Part 9. Labora-
tory Measurement of Room-to-Room Airborne Sound Insulation of a Suspended
Ceiling with a Plenum Above It. Part 10: Laboratory Measurement of Airborne
Sound Insulation of Small Building Elements. Part 12: Laboratory Measurement
of Room-to-Room Airborne and Impact Sound Insulation of an Access Floor.
Part 13: Guidelines. (Available in English only.)

ISO 717-1:1996, Rating of Sound Insulation in Buildings and of Building Ele-
ments. Part 1: Airborne Sound Insulation. Part 2: Impact Sound Insulation.

1SO 9052-1:1989, Determination of Dynamic Stiffness. Part 1: Materials Used
under Floating Floors in dwellings. N

ISO 3822, Laboratory Tests on Noise Emission from Appliances and Equ-
ment Used in Water Supply Installations. Part 1-1999: Method of Measurement.
Part 2-1995: Mounting and Operating Conditions for Draw-Off Taps and Mix-
ing Vabves. Part 3-1997: Mounting and Operating Conditions for In-Line Valves
and Appliances. Part 4-1997: Mounting and Operaiing Conditions for Special
Appliances.

ISO 11546-1:1995, Determination of Sound Insulation Performances of Enclo-
sures. Part 1: Measurements under Laboratory Conditions (for Declaration Pur-
poses). Part 2: Measurements In Situ (for Acceptance and Verification Purposes).

ISO 11957:1996, Determination of Sound Insulation Performance of Cab-
ins—Laboratory and In Situ Measurements.

ISO 15186-1:2000, Measurement of Sound Insulation in Buildings and of Build-

ing Elements Using Sound Intensity. Part 1: Laboratory Measurements.

Sound Absorption

ASTM C384-98, Standard Test Method for Impedance and Absorption of Acous-
tical Materials by the Impedance Tube Method. The use of an impedance tube
(standing-wave apparatus) for the measurement of impedance ratios and the
normal-incidence sound absorption coefficients of acoustical materials.

ASTM (C423-02, Standard Test Method for Sound Absorption and Sound
Absorption Coefficients by the Reverberation Room Method. Measures the

|
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random-incidence sound absorption coefficients of material test specimens,
mounted according to ASTM E795, in a reverberation room by measuring sound
decay rate.

ASTM BAT7, Test Method for Measuring Acoustical and Airflow Performance
of Duct Liner Materials and Prefabricated Silencers. Laboratory measurement
method for the sound insertion loss provided by duct sound attenuators.

ISO 7235:1991, Measurement Procedures for Ducted Silencers—Insertion
Loss, Flow Noise and Total Pressure Loss.

ISO 11691:1995, Measurement of Insertion Loss of Ducted Silencers without
Flow—Laboratory Survey Method.

ISO 11820:1996, Measurements on Silencers In Situ.

ISO 11821:1997, Measurement of the In Situ Sound Attenuation of o Remov-
able Screen.

ASTM C522-87(1997), Standard Test Method for Airflow Resistance of Acous-
tical Materials. The measurement of airflow resistance, specific airflow resistance,
and airflow resistivity of porous materials. Materials may be thick boards or
blankets to thin mats, fabrics, papers, and screens.

ISO 9053:1991, Materials for Acoustical Applications—Determination of Air-
Jlow Resistance.

ASTM E756-98, Standard Test Method for Measuring Vibration-Damping
Properties of Materials. Measures the vibration-damping properties—loss factor
n, Young’s modulus E, and shear modulus G—of materials over a frequency
range of 50 Hz to 5 kHz and over the useful temperature range of the material.
‘This method tests materials that have application i structural vibration, building
acoustics, and the contro} of andible noise. Test materials include metal, enamel,
ceramics, Tubber, plastic, reinforced epoxy matrix, and wood that can be formed
to the test specimen bar configuration.

ASTM E795-00, Standard Practices for Mounting Test Specimens during
Sound Absorption Tests. Standard specimen mountings for tests performed in
accordance with C423.

ASTM E1042, Classification for Acoustically Absorptive Materials Applied by
Trowel or Spray.

ASTM E1050-98, Standard Test Method for Impedance and Absorption of
Acoustical Materials Using a Tube, Two Microphones, and a Digital Frequency
Analysis System. The two-microphone impedance tube method, including a digital
frequency analysis system. to measure the normal-incidence sound absorption
coefficients and normal specific acoustical impedance ratios of materials.

ISO 354. 2003, Acoustics—Measurement of Sound Absorption in a Reverber-
ation Room. Similar to ASTM C423,

ISO 10534-1:1996, Determination of Sound Absorption Coefficient and Impe-
dance in Impedance Tubes. Part 1. Method Using Standing Wave Ratio. Similar
to ASTM C384.

ISO 11654:1997, Sound Absorbers for Use in Buildings—Rating of Sound
Absorption.
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ISO 10844:1994, Specification of Test Tracks for the Purpose of Measuring
Noise Emitted by Road Vehicles.

180 13472-1:2002, Measurement of Sound Absorption Properties of Road Sur-
Saces In Situ. Part 1. Extended Surface Method. A vertical impedance tube test
method for measuring In Situ the sound absorption coefficient of road surfaces
as a function of frequency in the range from 250 Hz to 4 kHz.

Architectural Acoustics, Reverberation, and Noise Control Design

ANSI §512.2-1995 (R1999), Criteria for Evaluating Room Noise. Defines NC,
NCB, RC, and perceptible acoustically induced low-frequency vibration criterion
curves for the octave-band SPL spectrum of noise and gives rules for using them
to evaluate room background noise.

ANSI S12.60-2002, Acoustical Performance Criteria, Design Requirements,
and Guidelines for Schools. Acoustical performance criteria, design requirements,
and design guidelines for new school classrooms and other learning spaces to
achieve a high degree of speech mtelligibility in learming spaces. Conformance
test procedures are provided. :

ASTM E1041, Guide for Measurement of Masking Sound in Open Offices.

ASTM E1110-01, Standard Classification for Determination of Articulation
Class. Provides a single figure rating that can be used for comparing building
systems and subsystems for speech privacy purposes. The rating is designed to
correlate with transmitted speech intelligence between office spaces.

ASTM E1111-02, Standard Test Method for Measuring the Interzone Attenu-

ation of Ceiling Systems. Measures the sound reflective characteristics of ceiling
systems with partial-height space dividers, used in offices and sometimes
schools to achieve speech privacy between work zones m the absence of full-
height partitions. Restricted to a fixed space divider height of 5 ft, a ceiling height
of nominally 9 ft, a source height of 4 ft, and microphone positions at 4 ft height.

ASTM E1130-02, Standard Test Method for Objective Measurement of Speech
Privacy in Open Offices Using Articulation Index (Al). Measuring speech privacy

objectively between existing locations in open offices. Uses acoustical mea-

surements, published information on speech levels, and speech intelligibility to
compute the Articnlation Index (AI).

ASTM E1179-87 (1998), Standard Specification for Sound Sources Used for
Testing Open Office Compenents and Systems. Specifies the sound source used
for measuring the speech privacy between open offices or for measuring the
laboratory performance of acoustical components (see E1111 and E1130).

ASTM E1375-90 (2002), Standard Test Method for Measuring the Interzone
Attenuation of Furniture Panels Used as Acoustical Barriers. Measurement of the
interzone attenuation of furniture panels used as acoustical barriers in open-plan
spaces to provide speech privacy or sound isolation between working positions,

ASTM E1376-90 (2002), Standard Test Method for Measuring the Interzone
Attenuation of Sound Reflected by Wall Finishes and Furniture Panels. Measures
the degree to which reflected sound is attenuated by vertical surfaces in open-plan
spaces.
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ASTM E1573-02, Standard Test Method for Evaluating Masking Sound in
Open Offices Using A-Weighted and One-Third Octave Band Sound Pressure Ley-
els. Procedures to evaluate the spatial and temporal uniformity of masking sound
in open offices using A-weighted or one-third-octave-band SPLs.

ASTM E1574-98, Standard Test Method for Measurement of Sound in Resi-
dential Spaces. Practical measurement of residual building interior noise SPLs.

ASTM E2235, Standard Test Method for the Measurement of Decay Rates for
Use in Sound Insulation Test Methods. Measurement of sound decay rate (60/T)
in any room, where T is the reverberation time, seconds.

ISO 3382:1997, Measurement of the Reverberation Time of Rooms with Ref-
erence to Other Acoustical Parameters. Measurement of reverberation time T in
performance spaces. Specifies additional measures of auditorium gan {G), early
decay (EDT), clarity (C80), Deutlichkeit (D50), central time (CT) lateral energy
fraction (LF) and interaural cross correlation (TIACC) and of T in any room.

ISO 10053-1991, Measurement of Office Screen Sound Attenuation under Spe-
cific Laboratory Conditions. Similar to ASTM E1375.



MEREER APPENDIX A

General References

M. Belanger, Digital Processing of Signals: Theory and Practice, Wiley, New York (1985).

1. 8. Bendat and A. G. Piersol, Random Data, Analysis and Measurement Procedures, 2nd
ed., Wiley, New York (1986).

L. L. Beranek, Acoustics, repnnted with changes by the Acoustical Society of America,
New York (1986).

L. L. Beranek, Acoustical Measurements, rev. ed., Acoustical Society of America, New
York (1988).

D. A. Bies and C. H. Hansen, Engineering Noise Control, Unwin Hyman, London (1988).

M. P. Blake and W. 8. Mitchell, Vibration and Acoustic Measurement Handbook, Spartan
Books, New York (1972).

R. N. Bracewell, The Fast Fourier Transform and Its Applications, 2nd ed., McGraw-Hill,
New York (1986).

1. Cremer and H. A. Mueller, Principals and Applications of RoomAcoustics, Vols. 1 and
2, translated by T. J. Schultz, Applied Science, London and New York (1982).

M. J. Crocker, Noise Control, Van Nostrand Reinhold, New York (1984).

I. D. Brwin and E. R. Graf, Industrial Noise and Vibration Control, Prentice-Hall, Engle-
wood Cliffs, NJ (1979).

F. Fahy, Sound and Structural Vibration-—Radiation, Transmussion and Response, Aca-
demic, New York (1985).

C. M. Harris, Ed., Shock and Vibration Handbook, 3rd ed., McGraw-Hill, New York
(1988).

M. C. Junger and D. Feit, Sound, Structures, and Their Interaction, 2nd ed., MIT Press,
Cambnidge, MA (1986).

L. E. Kinsler, A. R. Frey, A. B. Coppens, and J. V. Sanders, Fundamentals of Acoustics,
3rd ed., Wiley, New York (1982).

H. Kuttruff, Room Acoustics, Applied Science Publishers, London (1973).

R. L. Lyon, Statistical Energy Analysis of Dynamical Systems, MIT Press, Cambridge,
MA (1975).

A. V. Oppenheim and R. W. Schafer, Digiral Signal Processing, Prentice-Hall, Engle-
wood Cliffs, NJ (1975).

R. B. Randall, Freguency Analysis, 3rd ed., Bruel & Kjaer, Naerum, Denmark (1987).

an’

H
i
ih




|
|
|
t
i
|

BN APPENDIX B

American System of Units

The American system of units {which used to be referred to as the English system
of units until England converted to the meter-kilogram-second (mks) system] is
inherently confusing. In everyday American life, the pound (abbreviated 1b) is
used either as a force or as a weight, both having the units of force. To further
complicate matters, some technical writers seek to provide a system parallel to
the metric system by using either of two quantities for force and either of two
corresponding quantities for mass. Thus, some adopt the pound as the unit of
force and define a slug as the unit of mass, Others define a poundal as the
unit of force and adopt the pound as the unit of mass. Neither the slug nor
the poundal has found general acceptance in the literature, although we use the
former in this text.

As one well-traveled acoustician said, “T have determined that 1 kg of butter
bought in Zurich is exactly the same amount as 2.2 b bought 1n New York.
Whenever I wish to solve a technical problem in America without confusion, I
immediately divide the number of pounds by 2.2 to obtam the equivalent num-
ber of kilograms. Then I work in the mks system, where force and mass are
clearly distinguished.” Let us take a moment to distinguish further between mass
and force.

The mass of a body is defined as m = F/X, where ¥ is the vector sum of
all forces acting on the center of gravity of the unrestrained body and X is the
acceleration produced in the direction of the force F.

The weight of a body is defined as w = mg, where g is the acceleration of
gravity (9.81 m/s? on earth) and w is the force that must act on the otherwise
unrestrained body to keep it stationary when exposed to the gravitational field.
Consequently, a body has the same mass but different weight on the moon than
on earth. On earth the weight of a 1-kg mass, which is designated as one kilopond
(1 kp), is 1 kp weight = 1 kg mass x 9.81 m/s* = 9.81 newtons.

CONSISTENT SYSTEMS OF UNITS USED IN THIS TEXT

Two consistent systems of units are used in this text, the mks and the fss systems.
To describe them, let us start with Newton’s second law:

Force = mass x acceleration B.1)

L
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In the meter-kilogram-second system
No. of newtons = no. of kg x no. of m/s® B.2)

In the foot-slug-second system

No. of pounds force (Ib) = no. of slugs x no. of fi/s? (B.3).

The relations among the magnitudes of the units are

1kp = 2.2051b weight
1 kg = 0.0685slug
1slug = 14.59 kg
1 newton = 0.2251b force
11b force = 4.448 newtons
Islug = 32.171b weight
1Ib weight = 0.03108slug = 0.454 kg

Example. If 1 kg mass is to be accelétated 1 m/s?, we see, by Eq. (B.2), that

a force of 1 newton is required. How many pounds (force) is required for the
same result?

Solution 1 kg equals (2.205/32.17) slug and 1 m/s® = 3.28 fi/s>. Thus, by Eq.
(8.3), 0.225 b (force) is required.

INCONSISTENT SYSTEMS OF AMERICAN UNITS USED IN THE
LITEBRATURE

Two inconsistent systems of American units are commonly encountered, the fps
and the ips systems.
In the foot-pound-second system (inconsistent system)

no. of pounds weight (Ib)
g

No. of pounds force (Ib) =

x no. of ft/s>  (B.4)

where g is the acceleration due to gravity in units of ft/s?, that is, 32.17 ft/s?.
In the inch-pound-second system (inconsistent system) ’

no. of pounds weight (Ib) o
£

No. of pounds force (Ib) =

no. of in/s>  (B.5)
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where g 1s the acceleration due to gravity in units of in./s?, that is, 3.86 in./s%.
Mechanical engineers often use the in.-lb-s system in the field of shock and
vibration,

Example. A 1-kg mass is accelerated S5 m/s®. Find the force necessary to do
this in newtons and pounds (force).

Solution

1 kg = 2.2 1b weight = 0.0685 slug
5 m/s? = 16.4 fi/s®
F (newtons) = 1 x 5 = 5 newtons

F (Ib) = 0.0685 x 16.4 = 1,124 1b (force)
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BN APPENDIX C

Conversion Factors

The following values for the fundamental constants were used in the preparation
of the factors:

I m=39.37 in. = 3.281 ft
1 1b (weight) = 0.4536 kp = 0.03108 slug
1 slug = 14.594 kg
1 1b (force) = 4.448 newtons
Acceleration due to gravity = 9.807 m/s*
- = 32.174 fu/s>
Density of H,O at 4°C = 10°> kg/m’
Density of Hg at 0°C = 1.3595 x 10* kg/m’
1 U.8.1b = 1 British Ib
1 U.S. gallon = 0.83267 British gallon
F=()°C+32
C= (%)(OF - 32

TABLE C.1 Conversion Factors

Conversely,
To convert Into Multiply by nmuitiply by
acres fi? 4.356 x 104 2.296 x 1077
miles® (statute) 1.562 x 103 640
m2 4,047 2471 x 1074
hectare (10* m?) 0.4047 2471
atm in. HO at 4°C 406.80 2.458 x 1073
in. Hg at 0°C 29.92 3.342 x 1072
ft H; O at 4°C 33.90 2.950 x 1072
mm Hg at 0°C 760 1.316 % 1073
Ib/in.? 14.70 6.805 x 1072

(continued overleaf)

a0
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TABLE C.1 (continued)

Conversely,
To convert Into Multiply by multiply by
newtons/m? 1.0132 x 10° 9,872 % 1076
kp/mm? 1.033 x 10* 9.681 x 1073
°C °F (Cx ) +32 (F—32) x 3
cm in. 0.3937 2.540
ft 3.281 x 1072 30.48
m 1072 10%
circular mils in2 7.85 x 10~7 1.274 x 108
cm? 5.067 x 106 1.974 x 10°
cm? in? 0.1550 6.452
£t 1.0764 x 1073 929
m? 104 10
em’ m? 0.06102 16.387
ft? 3.531 x 10~3 2.832 % 104
m’ 10-6 108
deg (angle) radians 1.745 % 1072 57.30
dynes 1b (force) 2.248 x 1070 4.448 % 10°
pewtons 10-3 10°
dynes/cm? b/t (force) 2.090 x 1073 478.5
newtons/m? 107t 10
1 m. HpO N 249.18 4.013 x 1073
ergs ft-Ib (force) e 7376 x 1078 1.356 x 107
Joules 1077 107
ergs/cm® ft-Ib/f3 2.089 x 1073 47877
ergs/s watts 1077 107
ft-Ib/s 7.376 x 108 1.356 x 107
ergs/s-cm’ ft-Ib/s-ft? 6.847 x 1075 1.4605 x 10
fathoms ft 6 0.16667
ft m. 12 0.08333
cm 30.48 3281 x 1072
m 0.3048 3.281
ft? in.? 144 6.945 % 1073
cm? 9.290 x 107 0.010764
m* 9.290 x 1072 10.764
7 m.? 1728 5.787 x 1074
cm® 2.832 x 10% 3.531 x 10
mw 2.832 x 1072 3531
Titers 2832 3.531 x 102
ft Hy O at 4°C in. Hg at 0°C 0.8826 1.133
lb/in.? 0.4335 2.307
o/t 62.43 1.602 x 1072
newtons/m? 2989 3.345 x 10™*
gal (liquid U.S) gal (liquid Brit. Imp.) 0.8327 1.2010
liters 3.785 0.2642
m® 3.785 x 102 264.2
gm oz (weaght) 3.527 x 102 2835

TABLE C.1 {(continued)
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Conversely,
To convert Into Multiply by multiply by
b (weight) 2.205 x 1073 4536
hp (550 fi-1b/s) ft-lb/min 3.3 x 10¢ 3.030 x 1075
watts 745.7 1.341 x 1073
kW 0.7457 1.341
in. ft 0.0833 12
cm 2.540 0.3937
m 0.0254 3937
in? ft? 0.006945 144
cm? 6452 0.1550
m? 6.452 x 1074 1550
.’ £ 5.787 x 1074 1.728 x 10°
cm?® 16.387 6.102 x 102
m? 1.639 x 10~3 6.102 x 104
kg 1b (weight) 22046 0.4536
shug 0.06852 14.594
g 109 103
kg/m? It/in.? (weight) 0.001422 703.0
b/ (weight) 0.2048 4.882
g/em? 107! 10
kgim? bfin.3 (weight) 3.613 x 1073 2.768 x 104
b/ (weight) 6.243 x 1072 16.02
liters m> 61.03 1.639 x 102
fit? 0.03532 28.32
pints (liquid U.S.) 2.1134 0.47318
quarts (liquid U.S.) 1.0567 0.94636
gal (tiquid U.S.) 0.2642 3.785
cm? 1000 0.001
m? 0.001 1000
log.n,orlnn loggn 0.4343 2.303
m in. 39.371 0.02540
ft 3.2808 0.30481
yd 1.0936 0.9144
em 102 1072
m? in? 1550 6.452 x 107*
ft? 10.764 9.200 x 10~2
yd? 1.196 0.8362
cm? 10% 104
m? in? 6.102 x 104 1.639 x 1075
ft? 35.31 2.832 x 1072
yd? 1.3080 0.7646
cm? 108 10-¢
microbars
{dynes/cm?) 1b/in.? 14513 x 1073 6.800 x 104
Ibrft? 2.090 x 103 478.5

(continued overleaf)
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TABLE C.1 (continued)

Conversely,
To convert Into Multiply by prultiply by
newtons/m?> 10~! 10
miles (nautical) ft 6080 1.645 x 10~
km 1.852 0.5400
miles {statute) ft 5280 1.894 x 01~*
km 1.6093 0.6214
miles® (statute) ft? 2.788 x 107 3.587 x 1078
km? 2.590 0.3861
acres 640 1.5625 x 1073
mph ft/min 88 1.136 x 1072
km/min 2.682 x 1072 37.28
km/h 1.6093 0.6214
nepers db 8.686 0.1151
newtons Ib {force) 0.2248 4.448
dynes 10° 10-3
newtons/m? bfin? (force) 1.4513 x 10~ 6.890 % 10°
b/ft? (force) 2.090 x 1072 47.85
dynes/cm? 10 10!
ib (force) newions 4.448 0.2248
Ib (weight) slugs 0.03108 32.17
kg 0.4536 2.2046
b H,0O (distilled) ft* \ 1.602 x 10~? 62.43
gal (liquid U.8.) 0.1198 8.346
Ibfin.? (weight) Ib/ft? (weight) 144 6.945 x 1073
kg/m? 703 1.422 % 1073
ib/in? (force) b/ (force) 144 6.945 x 1073
N/m?* 6894 1.4506 x 1074
Ib/fe? {weight) 1b/in? (weight) 6.945 x 1073 144
gm/em?® 0.4882 2.0482
kg/m? 4.882 0.2048
To/ft? (force) Ibfin? (force) 6.945 x 1073 144
N/m? 47.85 2.090 x 1072
b/t (weight) Ib/in.? (weight) 5.787 % 10~ 1728
kg/m? 16.02 6.243 x 102
poundals 1b (force) 3.108 x 102 32.17
dynes 1.383 x 10* 7.233 x 107~%
newtons 0.1382 7.232
slugs 1b (weight) 32.17 3.108 x 1072
kg : 14.594 0.06852
slugs/fe? kg/m? 157.2 6.361 x 1073
tons, short
(2,000 1b) tonnes (1000 kg) 0.9075 1.102
watts ergs/s 107 1077
hp (550 ft-1b/s) 1.341 x 1073 745.7

MR INDEX

A
Absorption of sound, see Sound absorption
Acceleration level, 20
ACGIH, see American Conference of
Governmental Industrial Hygienists
Acoustical efficiency (throttling valves),
647--649
Acoustical enclosures, 521352, See also
Small enclosures, sound in
close-fitting, sealed enclosures, 531-537
for cooling towers, 667
for feed pumps, 672
for mdustrial gas turbines, 673
intermediate~size enclosures, 537538
large, with interior sound-absorbing
treatouent, 540--351
effect of sound-absorbing freatment, 547,
548
flanking transnussion through floor, 549,
-550
inside-outside vs. outside-inside
transmission, 549550

key parameters influencing insertion loss,

544545
leaks, 547, 548
machine position, 549
machine vibration pattern, 549
model for insertion loss at high
frequencies, 541544
wall panel parameters, 545-547
large, without internal sound-absorbing
treatment, 538540
partial, 551~552
performance of:
insertion loss as wmeasure for, 522—523
measures for, 518-519
qualitative description, 523-525
size of, 521
small, sealed enclosures, 525531
for transformers, 679
Acoustical impedance, 39-41
charactenstic 40
complex 39-40
specific 40
Acoustically induced vibrations and rattles,
903, 907
Acoustical levels, 12-24
Acoustical modal response, 149151

Acoustical privacy, 203-204. See also

Speech privacy

Acoustical standards, see Standards
Acoustical termunology, 1-41, 911
Acoustical wave equation, 25-34, 149
Active machinery isolation, 840845
Active noise and vibration control (ANVC),

721849
actuators:
locations of, 806808
number of, 804806
placement and selection of, 722-730
sizing of, 808—809
controller architecture and performance
simulations, 814-817
control sensors/architectures, 730~732
design considerations, 800-801
digital filters, 740751
adaptive design for, 749751
description of, 741747
optimal design for, 747--749
feedback control systems, 779800
alternate suboptimum control filter
estimation, 784800
basic architecture, 779781
optimal control filter estimation,
781-784
feedforward control gystems, 751~779
adaptive control, 760765
basic architecture, 751754
control of aliasmg effects, 765769
extension to MIMQO systems, 777-779
optimal control filter estumation,
754760
system identification, 769777
identifying performance goals for,
801-804
implementation and testing of, 827-829
performance expectations, 732733
placement and selection of control
sources/actnators, 722730
prototype ANVC systemns, 733740
active machinery isolation, 840843
airborne nose in high-speed patrol craft,
845--849
MIMO feedforward active locomotive
exhaust with passive component,
829840

NAY
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TABLE C.1 (continued)

Conversely,
To convert Into Multiply by multiply by
newtons/m? 107! 10
miles (nautical) ft 6080 1.645 x 10
km 1.852 0.5400
miles (statute) ft 5280 1.894 x 01~*
km 1.6093 0.6214
miles® (statute) ft? 2.788 x 107 3.587 x 1078
km? 2.590 0.3861
acres 640 1.5625 x 1073
mph ft/min 88 1.136 x 1072
km/min 2.682 x 10~2 37.28
km/h 1.6093 0.6214
nepers db 8.686 0.1151
newtons Ib (force) 0.2248 4,448
dynes 10° 1073
newtons/m> Ib/in.? (force) 1.4513 x 10~ 6.890 x 10°
Ib/fi? (force) 2.090 x 1072 47.85
dynes/cm? 10 107!
b (force) newtons 4.448 0.2248
Ib (weight) shugs 0.03108 32.17
kg 0.4536 2.2046
Ib H,O (distilled) £t 71602 x 1072 6243
gal (liquid U.S.) 0.1198 8.346
Ib/in.? (weight) Ib/ft? (weight) 144 6.945 x 1073
kg/m? 703 1.422 x 1073
Ib/in.2 (force) Ib/ft? (force) 144 6.945 x 1073
Nfm? 6894 ‘ 1.4506 x 1074
b/ (weight) Ib/in.2 (weight) 6.945 x 1073 144
gm/cm? 0.4882 2.0482
kg/m? 4.882 0.2048
Ib/ft? (force) Ib/in.2 (force) 6.945 x 103 144
N/m? 47.85 2.090 x 1072
Ib/t? (weight) Ib/in.? (weight) 5.787 x 10~* 1728
kg/m? 16.02 6.243 x 1072
poundals Ib (force) 3.108 x 1072 32.17
dynes 1.383 x 10* 7.233 x 107°
newtons 0.1382 7.232
slugs Ib (weight) 32.17 3.108 x 1072
kg » 14.594 0.06852
slugs/ft? kg/m? 1572 6.361 x 1073
tons, short
(2,000 1b) tonnes (1000 kg) 0.9075 1.102
watts ergs/s 107 1077
hp (550 ft-Ib/s) 1.341 x 1073 745.7

W INDEX

A
Absorption of sound, see Sound absorption
Acceleration level, 20
ACGIH, see American Conference of
Governmental Industrial Hygienists
Acoustical efficiency (throttling valves),
647-649
Acoustical enclosures, 521-552. See also
Small enclosures, sound in
close-fitting, sealed enclosures, 531-537
for cooling towers, 667
for feed pumps, 672
for industrial gas turbines, 673
intermediate-size enclosures, 537-538
large, with interior sound-absorbing
treatment, 540--551
effect of sound-absorbing treatment, 547,
548
flanking transmission through floor, 549,
-550
inside-outside vs. outside-inside
transmission, 549-550
key parameters influencing insertion loss,
544-545
leaks, 547, 548
machine position, 549
machine vibration pattern, 549
model] for msertion loss at high
frequencies, 541544
wall panel parameters, 545547
large, without internal sound-absorbing
treatment, 538—540
partial, 551-552
performance of:
insertion loss as measure for, 522—523
measures for, 518-519
qualitative description, 523—525
size of, 521
small, sealed enclosures, 525-531
for transformers, 679
Acoustical mnpedance, 39-41
characteristic 40
complex 39-40
specific 40
Acoustically mduced vibrations and rattles,
905, 907
Acoustical levels, 12-24
Acoustical modal response, 149-151

Acoustical privacy, 203—204. See also i
Speech privacy
Acoustical standards, see Standards
Acoustical terminology, 1-41, 911 1
Acoustical wave equation, 25~34, 149 ‘
Active machinery isolation, 840845 :
Active noise and vibration control (ANVC), ;
721-849 :
actuators: 1
locations of, 806—808 v
number of, 804—806 ‘
placement and selection of, 722-730 ;
sizing of, 808809
controller architecture and performance
simulations, 814817
control sensors/architectures, 730-732 1
design considerations, 8300—801 ;
digital filters, 740-751
adaptive design for, 749-751
description of, 741747
optimal design for, 747--749
feedback control systems, 779-800
alternate suboptimum control filter ‘
estimation, 784—-800
basic architecture, 779~781
optimal control filter esimation,
781-784
feedforward control systems, 751-779
adaptive control, 760-765
basic architecture, 751-754
control of aliasing effects, 765-769
extension to MIMO systems, 777-779
optimal control filter estimation,
754760
system identification, 769777
identifying performance goals for,
801-804
implementation and testing of, 827-829
performance expectations, 732—733
placement and selection of control
sources/actuators, 722-730
prototype ANVC systems, 733-740
active machinery isolation, 840845
airborne noise in high-speed patrol craft,
845-849
MIMO feedforward active locomotive
exhaust with passive component,
829-840

nan
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Active noise and vibration control (ANVC)
(continued )
SENSOrs:
control sensors/architectores, 730-732
number/location of, 809814
performance of, 813814
reference, 809, 812-813
residual, 809812
Actuators (ANVC):
locations of, 806—808
number of, 804—806
placement and selection of, 722-730
sizing of, 808~809
Actuator channels, 806
Adaptive control algorithim, 760—765
A/D converters, see Analog-to-digital
converters
Added mass, 348, 353, 383-384
Added mass coefficient, 348
Added mass/fluid density, 348
Added volume, 348, 355
Admuttance, 41
Aeroacoustical sources, 611-616
aerodynamic dipoles, 612613
aerodynamic monopoles, 611-612
aerodynamic quadrupoles, 613~614
of fractional orders, 614
mfluence of source motion, 615-616
Aerodynamic dipoles, 614
Aerodynamic monopoles, 614
Aerodynamic sound, 611, 643—-656. See also
Gas flow noise
AFOSHSTD (Air Force Occupational, Safety,
and Health Standard), 881 .
Al, see Articulation mdex
Alr bag deployment noise, 869
Airborne excitation, simultaneous dynamic
excitation and, 462465
Alrborne sound (noise):
outdoors, 121
Airborne whole-body vibration criteria, 881
Air compressors, predicting nowse from,
660-662
Alr-Conditioning and Refrigeration Institute
{ARI), 911
Air-cooled condensers, predicting nowse from,
667668
Aurcraft interior noise control, 736
Airflow velocity (HVAC systems), 701-703
fans, 707
near grilles, 701702 -
termunal boxesfvalves, 708-709
Airfoils:
“singing” of, 640
sound generation by, 639640
Air Force Occupational, Safety, and Health
Standard (AFOSHSTD), 881
Alir mounts, 739
Air Movement and Control Association
(AMCA), 670

Air pressure ratios, 648
Air spring isolators, 577
Aliasmng, 817
active control of, 765769
m spectral analysis, 54
All zero filters, 743
AMCA (Air Movement and Control
Association), 670
American Conference of Governmental

Industnal Hygienists (ACGIH), 871, 831,

882
American National Standards Institute
(ANSD), 878, 911
American Society of Heating, Refrigerating,
and Air-Conditioning Engineers
(ASHRAE), 706, 711, 911
American Seciety of Mechanical Engineers
{ASME), 911 .
American Society of Testing and Material
(ASTM), 911
American system of units, 935--937
Amplification at resonance, 383
Analog-to-digital (A/DY converters, 741-742,
766, 167 -
for ANVC systems, 819825
sampling process of, 817
Anechoic spaces/rooms, 82, 97-98, 211
ANSI, see American National Standards
Institute

"9 Antaliasing filters, 54, 57, 765769

and ANVC performance, 815 -
selection of, 817-819
ANVC, see Active nowse and vibration
control
Applications Handbook (ASHRAE), 711
Architectural acoustics ,standards for,
930--931
Axchitectural nose control m buildings,
standards for, 926-931
Area. sources, 122
ARI (Air-Conditioning and Refrigeration
Institute), 911 -
ARMA filters, 744
Armed forces sound exposure criteria, 863,
867868, 874
Articulation mndex (Al), 203-204
ASHRAE, see American Socrety of Heating,
Refrigerating, and Air-Conditiomng
Engineers
ASHRAF handbooks, 706, 711
ASME (American Society of Mechanical
Engineers), 911
ASTM (American Society of Testing and
Materials), 911
Asymptotic threshold shift (ATS), 8653, 866
Atmospheric absorption, 136
Atmospherc pressure, 1
Attenuation:
active noise control, 721849
ducts, lined, 311-313

of sound:
by atmosphere, 136
by barners, 132--135, 137-139
by ground cover and trees, 137
total, 137
Aundio frequency region, 859867, 873
Auralization, 190
Autocorrelation function, 60
Automotive interior noise control system,
735736
Autoregressive moving average filters, 744
Autospectral density functions, 55-59
Averages, 8, 19:
linear, 48
runmng, 49-50
synchronous averaging, 51-52
unweighted (linear), 48, 49
weighted, 4849
Average A-weighted sound level, 17
Average diffuse-field surface absorption
coefficient, 184185
Average sound level, 16
A-weighted sound level, 17, 887891
A-weighted sound (noise) exposure level, 18
858, 859
coal car shakers, 664.
diesel-engme-powered equipment, 668
transformers, 677678
A-weighted séund power level, 7375
air compressors, 661
1 diffuse field, 81
estimates of, 659
feed pumps, 673
steam turbines, 676
wind turbines, 680
A-weighted sound pressure level, 15-16
long-term, 139
for noise exposure, 858, 8§59
for outdoor sound, 121
overall, 142143

1

B
Background noise:
in classrooms, 196197
for speech wntelligibility, 192193
Baffled pistons, sound power output of, 35, 36
Balanced noise criterion (NCB) curves, 894,
895
Bandwidths:
of continnous-spectrum sound, 7-9
conversion of, 1011
half-power, 165
with tapering, 57
Barriers, 132
cooling towers, 667
effectiveness of, 345
for open-plan offices, 202--203
for outdoor sound, 120, 132135
close to trees, with gaps and slots,
138-139
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Interaction of ground and, 137138
and uncertamnly of attenuation, 141-142
with transformers, 679
Beams:
damping due to reinforcements, 591592
infimte:
effective length connecting force and
moment impedance, 502
transmission through, 395-397
power transmission to plate from, 410413
viscoelastic damping of:
three-component bearas, 602606
two-component beams, 599600
Beam-tracing techniques, 189190
BEM (boundary element model), 121
Bending waves:
complete power transmission for, 412~413
reflection loss of, 407-410
m bearns, 411~412
and change in cross-sectional area, 407
free bending waves at L-junctions, 408
in plates with vibration break, 415-416
through cross junctions and T-junctions,
409-410
through infinite plates, 417-418
Bias error, 59 .
in coherent output power calculations, 65
in gam factor estimates, 62
m intensity measurement, 105, 106
Blocked pressure, 626, 629
Block’s formula for shallow cavities,
641642
Boilers, predicting noise from, 662-663
Boundaries, damping due to, 591
Boundary conditions, 150, 151
forced sound pressure response, 159
Boundary element method, 156
Boundary element model (BEM), 121
Breakin noise, HVAC, 703-705
Breakin sound transmission loss, 450-451
Breakout noise, HVAC, 703-703
Breakout sound transmission loss, 448450
Broadband disturbance control, 756—760
Broadband regulation filter, 790-795, 797
Bucket ladder unjoaders, 664
Butterworth filters, 817-818

C
Cabins:
acoustical performance measures of, 520
defined, 517
Cauer filters, 817818
Cavities, flows past, 640-643
Ceilings, for mechanical rooms, 710
Central-processing units (CPUs), 825, 827
CHABA, see National Academy of
Sciences-National Research Council,
Comunittee on Hearing, Bioacoustics and
Biomechanics
Characteristic resistance, 40
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Choked jets, 621
Circular effects (with FFT), 50
Clamshell bucket unloaders, 664
Classrooms, 191-197
controlling sound in, 196—197
predicting acoustical quality of, 193—-196
speech intelligibility in, 192—193
Closed-loop system identification, 771, 772,
7747176, 827, 828
Closed offices, sound pressure levels in,
190-191
Close-fitting enclosures:
defined, 522
sealed, 531537
free standing, 531-534
machine-mounted, 535-537
wrappings vs., 552
Coincidence frequency, 432434, 436, See
alse Critical frequency for orthotropic
plates, 437
Coal car shakers, 663—664
Coal crushers, 665
Coal-handling equipment:
diesel-powered, 668
predicting noise from, 663—665
Coal mills and pulverizers, 665
Coal transfer towers, 665
Coefficient of variation, 50
Coherence functions (coherency squared),
58-~59
Coherent output power relationship, 64—65
Coil spring isolators, 576
Combination mufflers, 335-338
Combustion noise (gas turbine engines),
624626
Community noise, 907
Comparison method (sound power output),
81, 88-89
Compensation filter (feedback control),
792-800
Compensator-regulator architecture (feedback
control), 784—785
Complex admittance, 41
Complex impedance, 38—40, 588
Complex sound spectra, 12
Composite partitions, sound transmission
through, 451
Composite structures (statistical energy
analysis), 456
Composite transmission factor, 461, 462
Comprehensive models (noise prediction),
198
Compression waves, 6, 390-391
and change in cross-sectional area, 407
1 plates with vibration break, 414—415
Compressive force, 347—348
Concentric-tube resonator (CTR), 304311
Concurrent system identification, 771
Conference rooms, 191, 890, 891, 898
Construction equipment, diesel-powered, 668

Continuous spectra, 2-3, 7-11
Control authority (ANVC), 730
Conversion factors, 939-942
Cooley-Tukey algorithm, 5354
Cooling towers, predicting noise from,
666—-667
Core noise, 624625, 679
Correlation functions, 60-61
Cosine-squared taper, 55, 57
Coulomb damping, 588
Coupling loss factor, 456
CPUs, see Central-processing units
Criteria for noise limits in buildings, 886907
survey method, L4, 888—889
engineering method, NC, 889, 892-894
precision method, RNC, 899-905
Critical bands, 900
Critical frequency, 432—433, 436. See also
Comcidence frequency
Crtical damping coefficient, 559, 581
Cntical damping ratio, 162
Cross-correlation function, 67—69
Cross junctions, reflection loss of bending
waves through, 409-410
Cross-sectional area:
of HVAC ducts, 687, 691
power transmission owing to change in,
406407

_ Cross-spectral density (CSD) matrix,

804808, 810-814
Cross-spectral density functions, 57—59
CSD matrix, see Cross-spectral density
matrix
CTR, see Concentric-tube resonator
Cylindrical array (microphones), 93, 94, 96
Cylindrical sound sources, 4

D
D/A converters, see Digital-to-analog
converters
Damage risk criteria:
for hearing, 858-874
impulse noise, 867—869
infrasound exposure, 869, 870
noise exposure criteria for audio
frequency region, 861-867
protection of, 871-874
ultrasound exposure, 869—871
human vibration response, 874-883
exposure guidelines, 877—883
hand-transmitted vibration effects, 877
whole-body vibration effects, 875-877
Damping, 174-176
critical damping ratio, 162
effect of, 561
in HVAC ducts, 701, 703
structural, 561, 579-607
analytical models of, 588
due to boundaries and reinforcements,
591-592

-

due to energy transport, 592594
effects of, 579580
energy dissipation and conversion,
589-590
measurement of, 586—588
measures of, 580-586
models of, 588—589
viscoelastic, 594607
in two-stage isolation systems, 573, 574
viscous, 561
Damping capacity, 584
Damping ratio, 559, 561, 581
Dashpots, 395
in mass-spring-dashpot system,
557-560
point force impedance for, 394
Data analysis, 4369
analog, 52
correlation functions, 60-61
determunistic data, 4445
mean-square values, 3, 47-48
mean. values, 47

for periodic excitation source identification,

63—-64
for propagation path identification,
66—-69 :
random data, 45-47
for random excitation source identification,
6466 ‘
running averages, 49—50
spectral functions, 52—59
auto (power) spectral density functions,
55-58
coherence functions, 58—59
FFT algorithm, 52-54
line and Fourier spectral functions,
54-55
statistical sampling errors, 50-51, 59
synchronous averaging, 51~52
for system response properties
identification, 62—63
types of data signals, 43
. weighted averages, 48—49
Data signals, 43
deterministic, 4445
random, 45-47
Day-might sound (noise) level, 17, 888, 907
dB, see Decibels
Decay, see Sound decay
Decay distance, 603
Decay rates, 582, 587. See also Reverberation
time
Decibels (dB):
fractions of, 24
and reference quantities, 12
sound power expression, 75
sound pressure level expression, 15, 17
Deflection, 599
Deformation of solids, 492
Department of Defense (DOD), 907

~
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Determinsstic data signals, 44—45
spectral computations for, 55
statistical sampling errors with, 59

DI, see Directivity index

Diesel-engine-powered equipment, predicting

noise from, 668669

Diffuse-field theory, 184—-187

Diffuse (reverberant) field, 76—77
control of, 200-201
dniving freely hung panel, 457-459
measurement in, 82
sound power determination in, 81
sound power in, 81, 85-91

Diffusers:

HVAC, 701-703
m reverberations rooms, 209--210

Digital data:
mean-square value of, 47-48
mean values of, 47

Digital filters (ANVC), 740—751
adaptive design for, 749-751
advantages of, 740-741
description of, 741-747
optimal design for, 747749

Digital signal processor (DSP) chips,

740-741, 825-827
Digital signal processors, 825-827
Digital-to-analog (D/A) converters, 767, 770,
815-816
for ANVC systems, 819-825
sampling process of, 817

Dilatation resonance, 439

Dipoles:
aerodynamic, 614, 633
sound power output of, 34, 35

Direct-estimation algorithm, MIMO, 778

Direct field, control of, 200

Directional sources, 72, 73, 78—79

Directivity:
defined, 72
determination of, 113117

Directivity factor, 113—116

Directivity index (DI), 115~117, 123

Directivity pattern, 113, 114

Direct method (sound power output), 81,

89-91
Displacement level, 582
Dispiacement ventilation systems, 703
Dissipation, 165-166
Dissipative silencers, 311--335
economic considerations, 335
effect of flow on silencer attenuation,
320-331
factors in acoustical performance of,
282--283
flow-generated noise, 331-333
key performance parameters, 313316
lined ducts, 281-313
parallel-baffie silencers, 316-325
pod silencers, 328-329
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Dissipative silencers (continued )
prediction of silencer pressure drop,
333--335
round silencers, 325-328
Distributed sound-masking systems, 206
Doppler factor, 615
Dose-response curve (DRC), 868
Double-layer partitions, sound transmission
through, 443449
Double-tuned expansion chamber (DTEC),
297300
Drag, 633
DRC (dose-response curve), §68
Driving point force impedance, 496500
Dry cooling systems, see Air-cooled
condensers
Dry friction damping, 588
DSP chips, see Digital signal processor chips
DTEC, see Double-tuned expansion chamber
Duets:
flow noise in, 635-638
HVYAC, noise transmission attentuation for,
685699
by cross-sectional area changes, 687, 691
by divisions, 687
by elbows, 691693
end-reflection loss, 697698
by plenums, 696697
prefabricated sound attenuators, 693696
room effect, 698699
m straight ducts, 686691
lined, 280-313
for rooftop ar conditioning unuts, 715-716
sound power determination in, 112-113
transmission loss of, 448451
Dynamic absorbers, 593
Dynamic capability (of instraments), 105107
Dynamic excitation:
by pomnt force, 393394
sipultaneous airborne excitation and,
462465

E
Barly decay time (EDT), 183
ECMA International, 112
EDT (early decay time), 183
Effective value, 2, 31. See also
Root-mean-square sound pressure
Eigenfrequency, 400
Elastic surface layer, improvement of impact
noise isolation with, 479-483
Elastomeric 1solators, 576577
Elbows, HVAC ducts, 691693
Elementary radiators, sound power output of,
35-36
Enmussion, 71
HVAC outdoor noise, 717-718
imssion vs., 73
machinery noise measurement standards,
916-918

noise power emission level, 75n.
strength descriptors for, 71
Emprrical models of sound m rooms, 190
Enclosures, see Acoustical enclosures
End-reflechion loss, HVAC, 697698
Energy, dissipated, see Damping
Energy-average spectral deviation factor,
897
Energy speed, 391, 393
English system of units, 835
Eatrance loss (dissipative mufflers), 313-314
Environmental corrections, 80, 98-101
Environmental Protection Agency (EPA), 863
Environmental sound (noise):
measurement application standards,
921-822
measurement method standards, 920-921
outdoor propagation of, 922. See also
Qutdoor sound propagation
Environmental vibrations standards, 922924
EPA (Environmental Protection Agency), 863
Equipment (machine) mounted enclosures,
522, 535537
Equivalent continuous A-weighted noise
level, 17
Equivalent sound absorption area, 99
Equivalent sound power level, estunating,
659660
Equivalent viscous damping, 580n.

FExcitation:

of freely hung panel, 457459 -t
by incident waves vs. other means, 427
by point force, 393-394
of solid structures:
extension of reciprocity 10, 473476
with sound field vs. point force, 462465
sources of:
and gain factors, 62—63
periodic, 6364
random, 6466
Exat loss (dissipative mufflers), 314
Expansion chamber mufflers, 293-300
double-tuned, 297-299
extended-outlet, 204297
general design guidelines for, 299300
sumple, 293-294
Extended-outlet muffler, 294297
Eyring approach (diffuse-field theory), 185

F
FAA (Federal Aviation Administrahon),
907
Fans:

air-cooled condensers, 667
cooling towers, 667

HVAC, 705-707

industrial, 669672

industrial gas turbines, 674
for mechanical eqmpment, 718
transformers, 677—679

Far field, 5, 6, 76—77
cooling towers, 667
trausformers, 678—-679 -
Fast-field program (FFP), 121
Fast Fourter transform (FFT) algorithms, 50,
5235
Federal Aviation Admunistration (FAA), 907
Pederal Highway Admumnistration (FHWA),
132
Feedback control systems, 779-800
alternate suboptimum control filter
estumation, 784-800
architectre for, 731-732, 779-781
optimal control filter estimation, 781784
residual sensor channels for, 809
system identification in, 771-777
Feedback neutralization, 775
Feedforward control systems, 751-779
adaptive control, 760~765
architecture for, 731-732
basic architecture, 751754
control of aliasing effects, 765769
extension to MIMO systems, 777-779
MIMO active locomotive exhaust with
passive component, 829-840
optrmal control filter estimation, 754760
reference sensor channels for, 809
residual sensor chanhels for, 809
system identification, 769~777
Feed pumps, predicting noise from,
672673
FFP (fast-field program), 121
FFT algorithms, see Fast Founer transform
algorithms
FFT analyzer, 104
FHWA (Federal Highway Admunistration),
132
Field-incidence mass law, 435
Held-incidence sound transmission, 435437
Field-incidence transmussion loss, 546
Filtered-U algorithm, 775
Filtered-x LMS algorithm, 761765, 771,
775, 778, 779
Fimite-element method, 156-159
Fimate impulse response (FIR) filters, 743,
744, 746749
Fimte panels, sound transmission through,
439443
FIR filters, see Finite impulse response flters
5-dB rule, 859
Fixed diffusers, 209
Fized -point DSPs, 827
Flanking sound transmussion, 451453, 549,
550
Flexible-wall effect on sound pressure,
166171
coupled stractural-acoustical respornse,
169170
wall as noise source, 166-168
wall as reactive impedance, 167, 169
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Floating floors:
checking performance of, 486
impact nose 1solation with, 482
locally reacting, 482382
for mechanical rooms, 710
resonantly reacting, 483
Floating-point DSPs, 825, 827
Flow(s):
past cavities, 640643
in pipes, 630631
separated, 627
and silencer attenuation, 329331
Flow-generated noise:
gas flow noise, 611656
aeroacoustical souwrces, 611616
aerodynamic noise of throttling valves,
643656
airfoils and struts sound generation,
638-640
in flows past cavities, 640643
from fluid flow in pipes, 630~631
gas jet noise, 616624
gas turbine engine combustion noise,
624626
grid or grille noise, 635638
spoiler noise, 631635
turbulent boundary layer noise, 626630
HVAC:
m duct systems, 699-700
flow-generated sound power, 694
of silencers, 331-333
Flow resistance, flow resistivity, 235-237
Fluctuating drag (flow spoilers), 633
Fluctuating lift forces (flow spoilers), 633
Fluids, propagation speed of sound 1n,
351352
Foot-pound-second system of umts, 936
Foot-slug-second system of units, 936
Forced sound pressure response, 159161
Formstiff small enclosures, 527-530
4-dB rule, 859
Fourter spectral functions, 5455
Fraction of critical dampmg, 581. See ulso
Damping ratio
Free field, 4, 32, 76
measurement in, 82
outdoor sound propagation in, 126128
sound power determination in, 9198
Free-field approximation, for sound intensity,
7981
Free-field radiation, from jet m ideal
acoustical medium, 616
Free standing enclosures, 522, 531534
Frequency response function, 62, 161
Frequency spectral density, 638639
Fresnel number, 132
Fresne] zones, 134
Friction force, 347
Furnistings, sound in rooms and, 184
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G
Gain factor estimates, 6263
Gas flow noise, 611-636
aeroacoustical sources, 611616
aerodynamic noise of throttling valves,
643656
acoustical efficiency, 647-649-
aerodynamnc noise, 643647
due to high velocities in valve outlet, 652
methods of valve noise reduction,
652656
pipe transmussion loss coefficient,
649651
airfoils and struts sound generation,
638640
in flows past cavities, 640-643
from fluid flow m pipes, 630-631
gas jet noise, 616-624
gas turbine engine combustion noise,
624626
grid or grille noise, 635-638
spoiler nose, 631-635
turbulent boundary layer noise, 626630
Gas jet noise, 616624
flight effects, 624
from imperfectly expanded jets, 621-623
Jet mixing noise, 616621
Gas turbines:
engine combustion noise, 624626
industdal, predicting noise from, 673675
Gauges of metal plates, 513-314
Generalized-terram PE, 121
Gradient, 25, 26, 103
Gradient descent algorithims, 749750
Graphical user interface (GUI), 829
Grid noise, 635638
Grilles:
HVAC, 701-703
noise from, 635--638
Ground cover, cutdoor sound propagation
and, 137
Group speed (energy speed), 391, 393
GUI (graphycal user interface), 829

H
Half-power bandwidth, 165
Half-power points, 583n.
Hand-arm vibraton syndrome (HAVS), 857,
877
Hand-transmitted vibration criteria, 881882
Hand-transmitted vibration effects, 877
Hanning window, 33, 57
HAVS, see Hand-arm vibration syndrome
Head-related transfer functions (HRYFs), 190
Hearing, 858—-874
damage nisk criteria, 858861
impulse noise, 367-869
infrasound exposure, 869, 8§70
noise exposure eriteria for audio frequency
region, 861-867

protection of, 871874
psychoacoustics, 900
and sound pressure, 1
standards for testing equipment/procedures,
918-919
ultrasound exposure, 869-871
Hearing conservation program. standards, 919
Hearing impairment (hearing loss), 18
Hearing thresbold, 18, 19, 894
Hearing threshold levels, 18
Heating, veptilating, and arcondittomng
(HVAC) systers, 685718
airflow velocity, 701-703
A-weighted sound-level criteria for,
890891
diffuser selection, 703
duct-borne noise transmission attentuation,
685699
by cross-sectional area changes, 687, 691
by divisions, 687
by elbows, 691-693
end-reflection loss, 697698
by plenums, 696697
prefabricated sound attenuators, 693 -696
room effect, 698699
m straight ducts, 686691
duct sizes, 700
for especially quiet spaces, 700703
fans, 705707

-9 flow nowse in ducted systems, 699700

grille selection, 703
mechanical plant room sound isolation and
noise control, 709710
NCB criteria carves for, 901
NC critena curves for, 901
noise breakout/break-in, 703705
outdoor noise emissions, 717-718
RC criteria curves for, 898
RNC criteria curves for, 900-902
rooftop arr conditiomng units, 715-717
termunal boxes/valves, 707709
vibration isolation considerations, 711715
Heat recovery steam generators (HRSGs), 674
Helmholtz equation, 126
Helmholtz resonators, 149, 384, 640,
642643
Hemi-anechoic spaces/rooms, 82, 92-97, 211
Hemnspherical array (microphones), 9294,
100101 -
Hemisphenical spaces, directivity index in,
116
Horizontal translational motions, stiffness of
isolators and, 564-565
HRSGs (heat recovery steam generators), 674
HRTFs (head-related transfer functions), 190
Human-occupancy areas, noise critenia for,
887-908
acoustically induced vibrations and rattles,
905, 907
evaluation methods for, 888-906

-

A-weighted sound level, 888-891
current-day sound-level meters, 888
NCB curves, 895
NC curves, 889, 892894
RC curves, 895-899
RNC curves, 899-906
noise annoyance i communities, 907
sound level definitions, 887888
typical urban noise, 907-908
Human systems, effect of noise/vibration on,
857~858. See also Hearing
Human vibration response, 874883
exposure guidelines, 877883
hand-transmutted vibration effects, 877
whole-body vibration effects, 875877
Huygens' model for wave fields, 133~134
HVAC systems, see Heating, ventilating, and
arrconditioning systerns

1
IEC, see International Electrotechmeal
Commission
1R filters, see Infinite impulse response
filters
IL, see Inserion loss
Image sources, method of, 188-189
Immission, 71
emigsion vs., 73
preferred deseriptor of, 71
Impact dampers, 590
Impact noise, 477-487
coal-handling equipment:
car shakers, 664
rotary car dumpers, 664
with elastic surface layer, 479483
noise isolation vs. sound transmssion loss,
483-486
standard tapping machne, 477-479
Impedance, 38-41
complex, 39, 588
equivalent tumped, 397398, 496
of infinite plates and beams, 393-397
mechamcal, 40; 394-395
moment, 501
plane-wave, 39, 352~354
point force, 394-396, 496500
separation, 430434
Impulse notse. See also Impact noise
exposure to, 860
and hearing, 867869
protection agamnst, 874
Impulse response (digital systems), 742746
Inch-pound-second system of wmts, 936
Incident sound waves:
excitation of structures by, 427
sourd absorption:
normal mcidence on porous layer in
front of nigid wall, 248~251
oblique ncidence, 251254
sound transmussion through infinite plate:
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normal-incidence waves, 427-430
oblique-incidence waves, 430-433
random-incidence (diffuse) sound,
433-439
Industrial fans, predicting noise from,
669672
Industrial gas turbines, predicting noise from,
673-675
Industrial workshops, 197-201
noise control for, 200~-201
noise prediction for, 198-200
Inertra bases, 561562, 712
Inertia force, 347
Infinite impulse response (1IR) filters, 744,
746, 750
Infinite rigid pistons, 417
Infrasound exposore, 859, 860
and hearing, 869, 870
protection aganst, 872-873
Inhomogeneous atmosphere, refraction of
sound in, 129-132
Inner model transform, 781. See also Youla
transform
Insertion loss (1L}, 170, 284286
as acoustical performance measure,
322-523
air compressors, 662
close-fitting enclosures:
free standing, 532534
machine-mounted, 535337
HVAC ducts, 690-693
large enclosures:
and flanking, 549, 550
at high frequencies, 541544
inside~outside vs. ouiside-inside
transmmssion, 349-550
key parameters influencing, 5445453
and leaks, 547, 548
and machine position, 549
and machine vibration pattern, 549
and sound-absorbing freatment, 547, 548
and wall panel thickness, 545547
without internal sound-absorbing
treatment, 538—540
small enclosures:
leaky, 530-531
sealed, 525--530
Instrumentation standards:
intensity instruments, 914
noise-measuring instruments, 912-913
Insulation, thermal-acoustical blanket, 672
Intensity, see¢ Sound mtensity
Intermediate office speech level (I0SL), 205
Intermediate-size enclosures, 537-538
Internal friction, 589
International Electrotechnical Commission
(IEC), 104, 911
International Organizaton for Standardization
(IS0, 82, 878, 911
Inverse square law, 4-5
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IOSL (intermediate office speech level), 205
IS0, see International Organization for
Standardization

Isolation effectiveness, 568569

and isolator mass effects, 570-571

with two-stage isolation, 573-575
Isolation efficiency, 560
Isolation range, 559

Jet mixing noise, 616
Joint input-output methed, 776-777

K
Kronecker delta function, 742
Ruitruff model, 198-199

L
Large enclosures:
with mterior sound-absorbing treatment,
540--551
analytical model for insertion loss at
high frequencies, 541544

effect of sound-absorbing treatment, 547,

548

flanking transmission through floor, 549,
550

nside-outside vs. outside-mside
transmission, 549--530

key parameters influencing insertion loss,

544--545
leaks, 547, 548
machine position, 549
machine vibration pattern, 549
wall panel parameters, 545-547
without infertor sound-absorbing treatment,
538-540
Large partitions, sound trangmussion of,
425427
Lateral quadrupole, 349350
Leakage, in filtered-x algorithm, 762
Leakage errors, 34
Leaky enclosures, 322
large, 547, 548
small, 530531
Lecture rooms, 191, See also Classrooms
Levels, 12-18
average A-weighted sound level, 17
average sound level, 16
A-weighted sound (noise) exposure leve],
18
A-weighted sound pressure level, 1516
day-mght, 17
equivalent continuous A-weighted, 17
hearing impamrment (hearmg loss), 18
hearing threshold levels:
associated with age, 18
associated with age and noise, 18

%

for setting “zero” at each frequency on a
pure-tone audiometer, 18
nose-induced permanent threshold shift, 18
overall levels, determining, 22-24
sound 1ntensity level, 14-15
sound power level, 1314
sound pressure level, 15, 17
Level at mid-frequencies (LMF), 896, 897
Linear average, 48
Linear isolators, massless, 569570
Lined ducts, 280--313
Line sources, 122
Line spectral function, 54-55
Line spectrum, 2
L-junctions, reflection loss of free bending
waves at, 408
LMF, see Level at mid-frequencies
LMS algorithm, 750-751
adaptive control based on, 760
filtered-x, 761762, 771, 775
Logarithomc decrement, 581, 587
Longituadinal quadrupole, 350
Longitudinal waves, 6
in beams, reflection loss for, 410-411
resonance of, 640641
Long-term A-weighted sound pressure level,
139
Loss factor:
dampmg, 584

. 5 for panelsfuniform plates, 591

in piping, 630-632

structural damping, 561

of three-component beam, 604606

of viscoelastic material, 595--596
Loudness, perceived, 00
Loudspeakers, 729
Low-noise compressors, 660

M
Machine-mounted enclosures, see Equipment
mounted enclosures
Machinery noise:
active machinery isolation, 840845
emission measurement standards, 916918
ertia bases, 561562
prediction of, see Prediction of machinery
noise
Machinery vibration, active control of,
739740
Mach number, 304
Masking of sound, 205, 206
Mass, 394, 579
Mass-controlled boundaries, 169
Mass law, 443
Massless linear isolators, 569~570
Massless springs, 395
in mass-spring-dashpot system, 557560
point force impedance for, 394
Mass-spring-dashpot system, 557-560, 580
energy dissipation in, 585

steady-state response of, 584
time varzation of, 581
Matenal damping, 589
Mean-square error (FIR filters), 748—749
Mean-square (ms) value (variance), 47-48
in data analysis, 4748
normalized random error of, 50, 51
Mean-square sound pressure;
and bandwidth conversion, 10-11
for complex spectra, 12
for contiguous frequency bands, 8, 9
of contimuouns-spectrum sound, 7, 11
Measwrement environments, 82
Measurement surfaces, 92
Mechamcal hysteress, 589
Mechanical impedance, 40, 394-393
Mechamcal mduced-draft cooling towers,
666667 '
Mechanical plant rooms, sound 1solation/noise
control m, 709710
Mercury RACE++, 825, 827
Metallic isolators, 376
Meteo-BEM, 121
Meteorology, outdoor sound propagation and,
139140
Meter-kilogram-second (mks) system of unuts,
o936 .
Method of image sources, 188189
Micrometeorology, 130 '
Microphones (for measurements), 102
for hemm~-anechoic spaces, 92-97
for reverberation rooms, 8788
Midfrequency average, 896
MIMO systems, see Multiple-input,
multiple-output systems
mks system of s, 936
Mobility, (admittance, 43), 396
measurement of, 588
recerver, 569
in two-stage 1solation systems, 375-576
Modal analysis technique, 159
Modal damping, 163, 164
Modal dampmg constant (decrement), 159
Modal density, 400402, 454, 507-508
Modal energy, 453455
Modal parameter extraction instrumentation,
388
Modal testing, 588
Modem optimal control theory, 781
Mode shapes, 150, 1521585, 400, 507-508
Moeodes of vibration:
equal energy of, 455
modal energy, 453455
system of modal groups, 453454
Moma-Obukhov boundary layer theory, 121
Monopales:
gerodynamic, 611612, 614
sound power output of, 34, 35
Motion sickness guidelines, 880
Moving-average filters, 743
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Moving sound sources:
outdoor, 124-126
reciprocity in moving, 476-477
ms, see Mean-square value
Mufflers. See aiso Silencers
combination, 335-338
expansion chamber, 293300
feed pumps, 674
for industrial fans, 670
perforated-element, 300311
steam vents, 677
transformers, 679
Multilayer partitions, sound transmission
through, 443-448
Multiple-mput, multiple-output (MIMOQ)
systerns, 740
feedforward, 754
feedforward active locomotive exhaust with
passive component, 829840
actuator number/location, 832834
control actuator design, 834836
control architecture, 835-836
hardware selection, 837--838
performance goals, 831832
problem description, 829-830
sensor number/location, 832, 834, 835
system performance, §38-840
LMS algorithms for, 751
optimal design of, 777779
Youla feedback architecture in, 783
Music, exposure criteria for, 867
Music waves, superposition principle and, 36

N
National Academy of Sciences-National
Research Council, Commuttee on
Hearing, Bioacoustics and Biomechanics
(CHABA), 861862, 867
Natural-draft cooling towers, 666
Natural frequencies, 150, 152-155
of finite structures, 400
and horizontal stiffness of isolators, 565
of mechanical equipment 1solators, 711
for pure vertical vibration, 563
of rigid and nonrigid masses, 563
for rocking, 564
n two-stage isolation systems, 572-573
NCB curves, see Balanced noise criterion
curves
NC curves, see Noise criterion curves
Near field, 76
NEMA values (fransformer noise level), 678,
679
Net oscillatory force, 349
Neutralizers, 593
Newton’s second law of motion, 25, 26
Nichols plot, 787788, 794
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NIPTS, see Noise-induced permanent
threshold shift
NITTS, see Noise-induced temporary
threshold shift
Noise annoyance (in communities), 907
Noise-cancellation headsets, 736-738
Noise control, 345
active, see Active nowse and vibration
control
mn buildings, acoustical standards for,
926-931
m classrooms, 196--197
design standards for, 930-931
for industrial workshops, 200-201
n mechanical plant rooms, 709-710
in solid structures, see Solid structures,
interaction of sound waves with
as system problers, 81
transformers, 679
in very small enclosures, 145-146
Noise criterion (NC) curves, 889, 892894,
901
Noise exposure:
A-werghted, 858
criteria for audio frequency region,
861867, 886906
duration of, 865--866
Nose exposure level, A-weighted, 18
Noise-induced hearing loss, 857, 839
Noise-induced permanent threshold shift
(NIPTS), 861862, 864, 865
Noise-induced temporary threshold shift
(NITTS), 866, 867
Noise level, perceived, 4
Noise mappimg, computer software for, 139
Noise power emission level (NPEL), 75n.
Norse reduction (NR), 284, 286, 345,
382387
active, 345
actators, 807
ar compressors, 662
coal-handling equipment:
car shakers, 664
crushers, 665
rotary car dumpers, 664
transfer towers, 665
unloaders, 664
cooling towers, 666, 667
feed pumps, 673
HVAC systems:
criteria for noise control 1n, 886-906
by duct cross-sectional area changes,
687, 691
by duct divisions, 687
by elbows, 691693
for especially quiet spaces, 700-703
by plenums, 696~697
for straight ducts, 686691
industrial fans, 669-670
by minimizing added mass, 383384

passive, 345346
at specific frequencies, 384387
steam turbines, 676
throttling valves, 652656
wind turbines, 680
Noise reduction coefficient (NRC), 207
Noise sources, see Sound (noise) sources
Nondirectional sources, 72, 78
Nondispersive waves, 391-392
Nonperiodic steady-state signals, 44
Nonrecursive filters, 743
Nonrigid masses:
natural frequencies of, 563
transmissibility of, 565567
Nonstationary random data, 46-47, 4950
Non-volume-displacing sound sources,
radiation by, 361-377
“effect of surrounding point force by ngid
pipe, 375-377
force acting on fluid, 371375
response of bounded fluid to pomt force
excitation, 375
response of unbounded fluid to excitation
by oscillating small rigid body, 363
m response to excitation of fluid by
oscillating small rigid sphere,
363371
Normal-incidence sound transmission,
427430

- Mormalized LMS algorithm, 751

Normalized random error, 50, 63

Normal modes, 150

Normal-mode expansion, 159

Normal mode of vibration, see Resonance .
Normal specific acoustical impedance, 41
Nosoacusis, 860

NPEL (nose power emmission level), 75n.
NR, see Noise reduction

NRC (noise reduction coefficient), 207
Nyquist frequency, 53, 54, 57

Nyquist plots, 583, 585, 786--788, 794, 798,

799
Nyquist’s sampling theorem, 815
Nyquist stability criterion, 783

O
OAPWL, see Overall sound power level
OASPL, see Overall sound pressure level
Oblique-incidence sound transmussion,
430-433
Occupational Safety and Health
Admmstration (OSHA), 862
Octave-band sound power level:
air compressors, 661
estimates of, 639
feed pumps, 673
steam turbines, 676

with surging or large fluctuations, 903905

Octave-band sound pressure level, 15, 678
Octave-band source spectra, 122--123

Offices:

closed, sound pressure levels in, 190-191
critenia for noise control in, 890, 891
open-plan, 201-208

One-dimensional wave equation:

backward-traveling plane wave, 32
general solution to, 2728
mtensity, 3132
outwardly traveling plane wave, 28-31
particle velocity, 31
root-mean-square sound pressure, 31
solutions to, 27-34
spherical wave, 32-34
Open area ratio, 306, 307
Open-loop system identification, 770-772,
774, 775, 827, 828
Open-plan offices, 201208
barniers for, 202263
design parameters for, 206-208
rating acoustical privacy of, 203-204
speech and noise levels in, 205-206
workstation acoustical design, 204--205
Optimal control theory, 781
Oscillating rigid bodies, radiation efficiencies
of, 413419
Oscillating small nigid bodies:
fluid’excitation, 363-371
force acting on fluid, 371375
harmonic exéitation, 363365
predicting body length, 366370
predicting radiated sound power, 366,
371
random excitation, 371
sound radiation of nonspherical bodies,
365
unbounded fluid, 363
point force excitation, 375-377
radiation by, 348349
Oscillating spheres, sound power output of,
34, 35
Oscillating three-dimenstonal bodies,
radiation efficiencies of, 418-419
OSHA noise exposure criteria, 362
QSHA (Cccupational Safety and Health
Administration), 862
Outdoor noise emissions, from HVAC
systems, 717718
Outdoor sound propagation, 119143
accounting for meteorology, 139140
atrborne, 121
atmospheric absorption, 136, See also Air
absorption
barriers, 132-1353
computer software for noise mapping, 139
effects of ground cover and trees, 137
in homogeneous free space over ground,
120-121, 126-128
mpomogeneity of atmosphere, 129132
mteraction of barriers and ground, 137-138
woving sources, 124126
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point sources at rest, 120124
reflectors and reverberation, 135-136
refraction of sound, 129-132
relevance of criteria for, 119120
standard regulations for interactions, 137
standards for, 922
uncertainties of, 140143
Outwardly traveling plane wave, 28—31
Overall A-weighted sound pressure level, 17,
142143
Overall level (QA), 22-24
Overall sound power level (OAPWL):
air compressors, 661
air-cooled condensers, 667
boilers, 662
coal-handling equpment:
car shakers, 663
crushers, 665
mills and pulverizers, 665
rotary car dumpers, 664
transfer towers, 665
unloaders, 664
diesel-engme-powered equipment, 668669
feed pumps, 672
for gas turbine engines, 625
mdustrial fans, 670672
industrial gas turbines, 675
steam turbines, 676
steam vents, 676-677

Overall sound power output (cooling towers),

666

Overall sound pressure level (OASPL),

618621, 624

Overlapped processing, 57

P

Parabolic equation (PE), 121
Parallel-baffle silencers, 311, 312, 316-325

baffie thackness, 324325

cross-sectional area, 322

effect of temperature on, 322~324

predicting acoustical performance of,
316-322

quantitative considerations with, 317

Parallelepiped array (mucrophones), 93, 95,

100 :

Particle velocity, 5-6

measurement of, 102—-103
for outwardly traveling plane wave, 31
for spherical waves, 3334

Partitions, sound transmussion by:

composite partitions, 451
double-layer parfitions, 443449
large partitions, 425-427
multilayer partitions, 443447
smail partitions, 421-425

Pagsive silencers, 279-338

combination mufflers, 335-338
dissipative, 311335
economic considerations, 335
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Passive silencers (continued)
effect of flow on silencer attenuation,
329-331
flow-generated noise, 331333
key performance parameters, 313316
lined ducts, 281313
parallel-baffle silencers, 316325
pod silencers, 328-329
prediction of silencer pressure drop,
333-335
round silencers, 325-328
expansion chamber mufflers, 293300
double-tuned expansion chamber,
297299
extended-outlet muffler, 294297
general design guidelines for, 299-300
simple expansion chamber muffler,
293-294
perforated-element mufflers, 300-311
acoustical performance, 303-310
back pressure, 310311
range of variables for, 300-303
performance metrics for, 281286
reactive, 286293
representation by.basic silencér elements,
287288
transfer matrices for, 288--293
Pendulum isolators, 577578
Perceived noise level, 49
Perforated-element muffiers, 300-311
acoustical performance, 303-310
back pressure, 310-311
range of variables for, 300-303
Perforated plates, open area of, 513
Performance:
ANVC systems:
and controller architecture, 814—817
goals for, 801804
and doors/wmdows/ventilation openings,
660
insertion loss as measure of, 522523
measures of, 518-518 i
gualitative description of, 523525
Periodic excitation sources, identification of,
6364
Periodic signals, 44
mean-square value for, 48
spectral computations for, 54
statistical sampling errors with, 59
Permanent threshold shifts (PTSs), 862
Permussible exposure level (PEL), 862
Phase speed, 391-393
Pipes:
fluid flow in, 630-631
to 1solated mechanical equipment, 714
with open side branch, sound radiation in,
355
fransmission loss of, 448-451
Pipe transmission loss coefficient (throttling
valves), 649651

Pipe wrappings, 554--555
Piston-in-cylinder isolators, 577
Plane boundaries, sound radiation and,
377382
oscillating moment 1 infinite Hiquid
381-382
pressure-release boundaries, 379--381
rigid boundaries, 378379
Plase waves, 6
backward-traveling, 32
outwardly traveling, 2831
reflection and transmussion at interfaces of,
403406
sound pressure and particle velocity
relationship, 38
Plane-wave impedance, 352354
Plane-wave transfer matrix method, 280-281
Plant transfer functions, 770-771
Platean method (sound transmission),
442443
Plates:
finite, pomt-excited, 420-421
infinite, 395397, 417-418
effective length connecting force and
moment impedance, 502
normal-mcidence plane waves, 427430
oblique-incidence plane waves, 430-433
pomnt-excited, 420-421
random-ncidence sound, 433-439

>

~® inhomogeneous, 438—439

orthotropic, 437-438
perforated, open area of, 515
power transmission from beam to, 410413
steel, gauges and weights of, 513-514
thin 1sotropic, field-incidence transmission
for, 435-437
transmission through, 395-397
normat-incidence plane waves, 427--430
obligue-ncidence plane waves, 430-433
random-incidence sound, 433439
with vibration break, power transmission
between, 413416
with viscoelastic coatings, 601-602
with viscoelastic interlayers, 606607
Plepums:
HVAC ducts, 696697
for rooftop air conditioning units, 715
Plug muffler, 304311
Pneumatic 1solators, 577
Pod silencers, 328-329
Point force:
active control of disturbance, 725-727
dynamic excitation by, 393-394
excitation by sound field vs., 462465
Point force impedance, 394-396, 496--500
Pomt input admittance (mobility), 396 _
Point moment, dynamic excitation by,
393--394
Point moment impedance, 394395, 501
Point sound sources, 122124, 361

Passon’s ratio, 391, 493
Pole-zero filters, 744
Position-keepmg system, 739, 796
Positive definite (quadratic function), 748
Power, see Sound power
Power balance: -
and response of fimte structures, 399403
in two-structure system, 456457
Power balance equation, 406
Power law damping, 588 .
PowerPC (PPC) chips, 825827
Power spectral density (PSD) functions,
5558, 172174 ‘
Power spectral density spectrum, 9
Power transmission between structural
elements, 406416
from beam to plate, 410-413
and change in-cross-sectional area,
406407 |
plates separated by thin resilient layer,
413416
reflection loss:
of bending waves through cross
Jjunctions/T-junctions, 409-410
of free bending waves at L-junctions,
408 . ‘
PPC chups, see PowerPC chips
Prediction of machinery nose, 659681
4ir compressors, ©60-662
air-cooled condensers, 667668
boilers, 662-663
coal-handling equipment, 663665
cooling towers, 666667
diesel-engme-powered equipment, 668669
feed purnps, 672673
industrial fans, 669672
mdustrial gas turbines, §73-675
steamn turbines, 675676
steam vents, 676677
transformers, 677-679
wind turbines, 679681 .
Prefabricated sound attenuators, HVAC,
693696
Presbyacusis, 860 -
Pressure, see Sound pressure
Pregsure-residual intensity index, 106
Privacy, m open-plan offices, 201204
Processor-to-processor communications, 325
Propagation of sound:
m Auids, 351352
identifying propagation paths, 6669
outdoor, see Outdoor sound propagation
m rooms, 182
agation speed:
Pri;g solids, 492
velocity vs., 391
PSD functions, see Power spectral density
functions
PTSs (permanent threshold shifts), 862
Pulsating small rigid bodies, radiation by, 348
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Pulsating sphere:
maximum achievable volume velocity of,
359-361
sound radiation of, 355
Pumps:
feed, predicting noise from, 672-673
at transformers, 677
Pure tones, 2
in continuous spectrum, 7, 8
and hearing thresholds, 18
settng pure-tone audiometers, 18
and spectral density, 9

Quadrupoles, aerodynamic, 613614

Quality assessment index (QAI), 897-899

Quantization noise, 822823

Quarter-spherical spaces, directivity index in,
116-117

R
Radiation efficiency, 418-420, 509511
Radiation fields of sources, 75-77
Radiation impedance of sphere, 364
Radiation of sound:
by thin plates, 417, 420
effect of plane boundaries on, 377-382
oscillating moment in infinite liquid,
381-382
pressure-release boundaries, 379381
rigid boundaries, 378-379
global cancellation, 722
by non-volume-displacing sound sources,
361377
effect of surrounding pomnt force by rigid
pipe, 375-377
force acting on fluid, 371-375
response of bounded fluid to point force
excitation, 375
response of unbounded fluid to excitation
by oscillating small rigid body, 363
1 response to excitation of fluid by
oscillating small rigid sphere,
363-371
by small rgid bodies, 346355
acoustical parameters, 351-354
lateral quadrupole, 349-350
longitudinal quadrupole, 350
oscillating small rigid bodies, 348349
by pipe with open side branch
representing pulsating sphere, 355
by piston m rigid tube with open side
branch, 354-355
pulsating small ngid bodies, 348
radiated sound power, 351
w solid structures, 416421
- tonal components in, 635
by vibrating structures, 593594
by volume-displacmg sound sources,
356361
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Radiators, elementary, 35-36
Random-analysis theory, 172174
Random data signals, 45—47
cross-spectral density function, 57-58
mean values for, 47
statistical sampling errors with, 59
tapering windows with, 57
Random error, 62
Random excitation sources, identification of,
64-~66
Random-incidence (diffuse) sound
fransmission, 433--439
Random-incidence mass law, 435
Random sound pressure response, 170,
172175
Rattles, acoustically induced, 905, 907
Rayleigh, Lord, 119, 129
Raynaud’s phenomenon, 877
Ray theory, 121
Ray-tracing techmques, 189190, 198
RC curves, 895-899
RC filter, 48
Reactive silencers, 286—-293
factors in acoustical performance of,
282-283 -
representation by basic silencer elements,
287-288
transfer matrices for, 288293
Receiver mobility, 569
Reciprocity, 162, 465-477
extension to sound excitation of structures,
473-476
for higher order excitation
sources/responses, 512
in moving media, 476—477
prediction of noise from multiple correlated
forces, 470-471
source strength identification by, 471473
theorem, 162
Reconstruction filters, 817819
Recursive filters, 744
Reference quantities, 12, 19--22
“Reference Quantities for Acoustical Levels”
(ANSI S1.9-1989, Reaffirmed2001), 19,
20
Reference sensors (ANVC), 809, 812813
Reflection loss:
for bending waves:
in beams, 411412
and change n cross-sectional area, 407
at interfaces, 404—405
free bending waves at L-junctions, 408
in plates with vibration break, 415416
through cross junctions and T-junctions,
409-410 ‘
for compression waves:
and change 1n cross-sectional area, 407
in plates with vibration break, 414415
for longitudinal waves m beams,
410-411

Reflection of sound:
at plane interfaces, 37, 403-406
by room surfaces, 183
Reflectors, outdoor, 135-136
Refraction of sound, 129-132
Regularization (ANVC sensors), 814
Regulation filter design (feedback control),
785-792
Reinforcements, damping due to, 591--592
Relative bandwidth, 583
Residual sensors (ANVC), 809-812
Resonance, 38, 150, 640—643
Resonance frequencies, 165
of boilers, 663
of finite structures, 400, 401, 507-508
standing-wave, 570
Resonance transmmission loss, 460
Reverberant field, see Diffuse (reverberant)
field
Reverberation:
in classrooms, 197
in industrial workshops, 197—-198
outdoor sound propagation, 135-136
for speech intelligibility, 193
standards for, 930-931
with steam turbines, 676
Reverberation rooms, 82, 209-210
characteristics of, 85—-86
experimental setup for, 8788

" @ qualification requirements for, 86—87

Reverberation time, 175-176, 582
Reynolds stresses, 119, 613
Rigid masses, 395, 563. See also
Three-dimenstonal masses
Rigid tube with open side branch, sound
generation in, 354355
Ring frequency, S00
Rms sound pressure, see Root-mean-square
sound pressure
RNC curves, 899-906
Road surface sound absorption standards, 924
Rocking motions, vertical motions coupled
with, 563564
Rooftop air conditioning units, 715-717
Rooms, sound in, 181-211
air absorption, 183
alternative prediction approaches, 187-188
anechoic and hemi-anechoic chambers, 211
auralization, 190
classrooms, 191-197
criteria for noise control in, 886—907
diffuse-field theory, 184~187
domestic rooms and closed offices,
190-191
empirical models, 190
and furnishings, 184
from HVAC ducts, 698699
industrial workshops, 197-201
method of image sources, 188—189
open-plan offices, 201-208

propagation of sound, 182
ray and beam tracing, 189190
reverberation rooms, 209-210
sound decay, 182-183
surface absorption and reflection, 183
Room noise evaluation:
engineermg method, 889, 892894
precision method, 899-905
survey method, 888889
Root-mean-square (rms) sound pressure, 2
for contiguous frequency bands, 8, 9
of continuous-spectrum sound, 7, 11
normalized random error of, 50, 51
for outwardly traveling plane wave, 31
Rotary coal car dumpers, 664
Rotating diffusers, 209~210
Round silencers, 312, 325-328
Running averages, 49-50

S
SA A/D converters, see
Successive-approximation A/D
converters
Sabine approach (diffuse-field theory),
185-186
Sampling errors, see Statistical sampling
errors
Schroeder frequency, 209 r
Screech tones, 621, 622
SEA, see Statistical energy analysis
Seals, for mechanical rooms, 710
Sealed enclosures:
close-fitting, 531-537
defined, 522
small, 525-531
SECM, see Simple expansion chamber
muffler
Seismic restrarit of equipment, 713
SEL, see Sound exposure level
Self-noise, 639
Sensors (ANVC), 730-732.
performance of, 813-814
reference, 809, 812813
residual, 809-812
Separation impedance, 430434
Shakers (ANVC), 730
Shear modulus (viscoelastic material), 391
595-596
Shear parameter (3-component beam), 603
Sheet Metal and Air Conditioming Nationat
Association (SMACNA), 686
Shock-associated noise, 616, 621-623
Shock response spectrum, 55
Side-lobe leakage, 54
Sigma-delta A/D converters, 820—822
Signal-to-noise ratio (SNR):
ANVC converters, 823-825
for classrooms, 196
for open-plan offices, 203—-204
for synchronous averaged signal, 52
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SII, see Speech intelligibility index
SIL, see Speech interference level
Silencers. See also Mufflers-
active noise control, 280
defined, 280
dissipative mufflers, 314, 315
downstream of valves, 654, 655
effect of flow on attenuation, 329-331
flow-generated noise of, 331-333
for HVAC ducts, 693-696, 705
modeling, 283-286
passive, see Passive silencers
for rooftop air conditioning units, 716
selection factors for, 281-282
Simple expansion chamber muffler (SECM),
293-294, 299-300
Simplified models (noise prediction),
198-199
Single-input, single-output (SISO) systems,
733
feedback, 779-781
feedforward, 754
filtered-x algorithm for, 762
LMD algorithm for, 751
Singular-valued decomposition (SVD),
804-807, 810, 813
SISO systems, see Single-mput, single-output
systems
SMACNA (Sheet Metal and Air Conditioning
National Association), 686
Small enclosures, sound in, 145—178. See
also Rooms, sound in
acoustical modal response, 149-151
enclosure driven at resonance, 164166
flexible-wall effect on sound pressure,
166~171
forced sound pressure response, 159161
natural frequencies and mode shapes, 150,
152155
numerical methods for acoustical analys:s,
156-159
random sound pressure response, 170,
172-175
sealed enclosures, 525-531
steady-state sound pressure response,
161-164
transient sound pressure response, 174—178
very small enclosures, 145-149
Small partitions, sound transmission of,
421-425
Small rigid bodies:
oscillating, see Oscillating small rigid
bodies
radiation by, 346-355
acoustical parameters of, 351354
lateral quadrupole, 349-350
longitudinal quadrupole, 350
pipe with open side branch representing
pulsating sphere, 355
piston 1n rigid tube with open side
branch, 354-355
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Small rigid bodies: (continued )
puisating bodies, 348
radiated sound power, 351
Smoothing filters (ANVC) 815
Snell’s law, 405
Sociacusis, 860
Soft parameters, 827, 828
Solids:
key acoustical parameters of, 493-495
wave motion 1n, 390393
Solid structures, mteraction of sound waves
with, 389515
impact notse, 477--487
impact noise 1solation vs. sound
transmission loss, 483-486
wmprovement of impact noise isolation
by elastic surface layer, 479483
standard tapping machine, 477-479
mechanical impedance, 394-395
power balance and response of finite
structures, 399--403
power mput, 395-399
power transmussion between structural
elements, 406416
from beam to plate, 410-413 )
and change 1n cross-sectional area,
406407
plates separated by thin resilient layer,
413416

reflection foss of bending waves through

cross junctions/T-junctions, 409-410
reflection loss of free bending waves at
L-junctions, 408
reciprocity, 465477
in moving media, 476477
prediction of noise from multiple
correlated forces, 470471
and sound excitation of structures,
473476
source strength identification by,
471473
reflection and transmussion at plane
mterfaces, 403406
and simultaneous arrborne/dynamic
excitation, 462465
sound radiation, 416421
sound transmmssion:
flanking, 451-453
of large partitions, 425-427
loss in ducts and pipes, 448451
of normal-incidence waves through
mfinite plate, 427430
of oblique-incidence waves through
mfinite plate, 430-433
of random-mcidence (diffuse) scund
through infinite plate, 433436
of small partitious, 421425
through composite partitions, 451
through dounble- and multilayer
partitions, 443449

through fimte-size panel, 439443
statistical energy analyses, 453462
compogite structures, 456
diffuse sound field driving freely hung
panel, 457459
equal energy of modes of vibration,
455
modal energy, 454455
noncorrelation between waves in two
systerns, 455
power balance in two-structure system,
456457
realization of equal coupling loss factor,
456
SEA method, 459-462
system of modal groups, 453454
transmussion loss through simple
homogeneous structure, 4594562
superposition, 465467
wave motion in solids, 390393
Sound absorption, 215~274
by awr in rooms, 183
atmospheric, 136
design charts for fibrous sound-absorbing
layers, 254-264
menolayer absorbers, 255-239
multilayer absorbers, 261
thin porous surface layers, 261264
two-layer absorbers, 259261

"% for enclosures, 521

equivalent sound absorption area, 99
large flat absorbers, 246~2635
normal incidence on porous layer in
front of rigid wall, 248-251
oblique sound incidence, 251254
plane sound waves at normal incidence,
247248
limp porous layer, 225-229
multiple limp porous layers, 229
by non-sound absorbers, 218221
n open-plan offices, 206-207
by plate and foil absorbers, 271274
by porous bulk materials and absorbers,
229246

acoustical properties of porous materials,

238-239

analytical characterization of porous
granular/fibrous materials, 238

empurical prediction of flow resistivity,
237

empirical predictions from regression
analyses of measured data, 239243

flow resistance and flow resistivity,
235-237

plastic foams, 244245

polyester fiber materials, 241,
243-244

porosity, 231-233

process of, 231

and temperature, 245246

theoretical prediction of flow resistivity,
237-238
tortuosity, 232, 234
process of, 216
by resonance absorbers, 264-271
absarption cross section of individual
resonators, 266—268
acoustical impedance of resonators,
265266
. internal resistance of resonators,
268271
nonlinearity and grazing flow, 268
resonance frequency, 266
spatial average umpedance of resonator
arrays, 271 .
by ngid porous layer, 221-225
by room surfaces, 183
sound absorption coefficients, 216218
standards for, 928~930
by thm-flow resistive Jayer wn front of rigid
wall, 221"
waveguide absorbers, 593
for wrappings, 521
Sound absorption average (SAA), 206-208
Sound attenuation, see Noise reduction;
Silencers ;
Sound barriers, see Barriers
Sound decay, 182-183, 186
Sound energy density, 7
Sound exposure, A-weighted, 18
Sound exposure level (SEL), 125126
Sound generation, 345387
effect of nearby plane boundaries on,
377-382
non-volume-displacing sound sources,
361377
effect of surrounding point force by rigid
pipe, 375377
force acting on fluid, 371-375
response of bounded fluid-to point force
excitation, 375
response of unbounded fluid to excitation
by oscillating small rigid body, 363
n response fo excitation of fluid by
oscillatmg small rigid sphere,
363371
reducig sound radiation, 382387
small rigid bodies, 346-355
acoustical parameters of, 351354
lateral quadrupole, 349350
longitudinal quadrupole, 350
oscillating small rigid bodies, 348349
by pipe with open side branch
representing pulsating sphere, 355
by piston 1n rigid tube with open side
branch, 354355
pulsating small rigid bodies, 348
radiated sound power, 351
volume-displacing sound sources,
356-361
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Sound intensity, 3—4
for cylindical sound source, 4
defined, 3
in determining sound power, 101112
free-field approximation for, 79-81
Instrumentation for measunng, 104—105
for outwardly traveling plane wave, 3132
and sound power, 22
sound power vs., 14-15
and sound pressure, 4
for spherical sound source, 4
for spherical waves, 34
standards for measurement
instruments/techniques, 914
Sound intensity analyzer, 103-104
Sound intensity level, 1415
reference guantities for, 19-~22
and sound power level, 22
Sound 1solation, in mechanical plant rooms,
709-710
Sound levels, see Levels
Sound level measurement standards,
912--914
Sound (noise) sources, 71-117, 887
aercacoustical, 611-616
in classrooms, 192, 196
cylindrical, 4
dipole-type, 638
directional, 72, 73
directivity of, 113117
excitation sources:
and gain factors, 6263
pertodic, 63—64
random, 6466
measurement environments for, §2
nondirectional (monopole), 34, 72
outdoor:
moving sources, 124-126
point sources at rest, 122~124
point (monopole), 34, 361
radiation by, 35, 361~377
radiation field of, 7577
sound tensity:
free-field approximation for, 14, 33,
7981
and sound power, 14, 7779
sound power levels, 14, 73-74
determunation of, 8285
in diffuse field, 81, 85-91
in ducts, 112113
environmental corrections in
determining, 98—101
m free field, 14, 91-98
and sound intensity, 14, 77-79
sound intensity in determming, 14,
101-112
spherical, 4, 5, 35
volume-displacing:
radiation by, 35, 356-361
i workshops, 199
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Sound power, 4, 5
of baffied pistons, 36
defined, 4, 14
m diffuse field, 81, 8591
of dipoles, 34, 35
in ducts, 112~113
m free field, measurement of, 9198
anechoic spaces, 97--98
hemi-anechoic spaces, 92~97
measurement surfaces, 92
of monopoles, 34
of oscillating spheres, 34, 35
radiated, 351
and sound intensity, 4, 22, 77-79
Sound power mput:
in solid structures, 395-399
to structures, 503306
Sound power level, 13-14, 73-74
defined, 72
and environmental corrections, 98101
environmental noise:
measwrement application standards,
921922
measurernent method standards,
920-921
expression of, 75
HVAC duct-borne noise, 685686
with impact noise, 479
ISO standards for determining, 82-85
reference quantities for, 19-22
and sound intensity level, 22
Sound power measnrement standards,
914-916
Sound power output:
air-cooled condensers, 667
cooling towers, 666
small boilers, 662
Sound pressure, 1
1 determination of sound power, 4, 91-98
flexible-wall effect on, 166—171
forced sound pressure response, 159161
and particle velocity, 5~6-
in plane waves, 32, 38
random sound pressure response, 170,
172175
and sound intensity, 4
sound power vs., 4, 1415
space-averaged squared, 7
for spherical waves, 3233
steady-state sound pressure response,
161164
transient sound pressure response,
174178
Sound pressure level, 15, 17
A-weighted, 15-16
calculation of, 18, 72, 73
defined, 18, 71
expression of, 75
long-term A-weighted, 16, 139
overall A-weighted, 142143

reference pressure for, 19

reference quantites for, 19-22
Sound propagation:

in industrial workshops, 197, 198

between office workstations, 202,

204-205

underwater, 121
Sound radiation, see Radiation of sound
Sound spectra, 712

complex, 12

continuous, 711
Sound transmission, see Transmission
Sound waves, 1-7

compressional, 6

mterference of, 36-37

mverse square law for, 4~5

longitudinal, 6

and noise, 1

and particle velocity, 5-6
period of, 2

plane, 6, 28-31

reflection, 36--38, 404405
resonant, 38 >

1oot-mean-square amplitude of, 2

sound energy density, 7

and sound spectra, 2—3. See also Sound
spectra

speed of, 6

spherical, 3234

- g standing, 37-38

tramsverse, 6
traveling, 37
wave equation, 25-34
wavelength, 7
Source dimensionality, 805
Space-averaged sound energy density, 7
Space-averaged squared sound pressure, 7
Spacers, 600n.
Spatial decay rate, 582
Specific acoustical mopedance, 40
Spectral density function, 50
Spectral functions:
data analysis, 52—-39
auto (power) spectral density functions,
55-58
coherence functions, 58-59
FFT algorithm, 5254
line and Pourler spectral functions,
5455
statistical sampling errors, 59
tume domain procedures for, 60
Spectral method (underwater sound), 121
Spectral (spectrum) density, 9
Speech communication metrics standards,
920
Speech intelligibility, in classrooms, 192193
Speech intelligibility index (SII), 204,
206-208
Speech mterference level {SIL), 888, 839,
892, 893

i
1
1
l

Speech privacy, 203204
and ambient noise levels, 206
and voice levels, 205
Speech waves, superposition principle and, 36
Speed of sound, 6
group (energy) speed, 391, 393
phase speed, 391-393
propagation speed vs, velocity, 391
in solids, 492
Spherical sound sources, 4, 5, 116
Spherical waves, 3234
Spinal injury, vibranon-related, 857
Spoiler noise, 631-635
Spring solators, 712713
Squared correlation coefficient function, 61
Square law damping, 583
Standards, 911-931
for architectural noise control in buildings,
926-931
acoustics, reverberation, and noise
control design, 930-931
sound absorption, 928-930
sound fransossion, 926-928
for criteria for noise in rooms, 886906
for environmental correction, 98—101
finding/seletting, 911912
hand-transmitted vibration criteria,
881-882
for HVAC silencers, 604
for impact notse isolation, 486
for impact of noise in workplace, 918924
environmental noise measurement
applications, 921-922
environmental noise SPL measurement
methods, 920-921
environmental sound propagation
outdoors, 922
environmental vibrations, 922-924
hearing conservation programs, 919
hearing test equipment/procedures,
918-919 N
speech communication metrics, 920
for industrial workshop noise, 201
for mtensity measurement, 108, 109-112
for intensity measurement instrumentation,
104, 108
for machinery noise emission
measurements, 916-918
for noise control by enclosutes and cabms,
517-521
noise-induced hearmg imparment,
. 864-865
" occupational noise exposure, 864865
for outdoor sound, 131, 132, 134-1353, 140
for qualification of reverberation rooms,
8690
for sound level measurements, 912-914
mtensity mstruments and measuring
techmques, 914
noLSe-measuring mstromentation,
912914
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SPL. measurement techmiques,
913-914
for sound power, 8285
in anechoic space, 97-98
in ducts, 112113
m hemi-anechoic space, 92--96
i reverberation rooms, 209210
for sound power measurements, 914916
for speech mtelligibility, 193
structure-borne whole-body vibration,
878881
for vehicle exterior/interior noise, 924926
exferior nolse measurement techniques,
925926
mterior noise measurement techniques,
924
road surface sound absorption, 924
for wind turbines, 681
Standard tapping machine, 477-479
Standard threshold shift (STS), 862
Standing-wave resonance frequencies, 570
Standing waves, 37-38
Stafionary random data; 43546
Statiopary signals, ms value of, 47-48
Statistical energy analysis (SEA), 453462
composite structures, 456
diffuse sound field driving freely hung
panel, 457-456
equal energy of modes of vibration, 455
modal energy, 454455
noncorrelation between waves in two
systems, 455
power balance in two-structure system,
456--457
principle of, 455
realization of equal coupling loss factor,
456
system of modal groups, 453-454
transmission loss throngh simple
homogeneous structure, 459-462
Statistical sampling errors:
with correlation functions, 61
with mean and ms value calculation, 5051
with spectra calculation, 59
Steady state, diffuse-field theory prediction
of, 186
Steady-state drag, 633
Steady-state particle velocity, 38
Steady-state response:
damping, 587
forced vibrations, 582584
Steady-state signals:
ms value of, 47-48
nonpertodic, 44
Steady-state sound pressure, 38
Steady-state sound pressure level, 13, 187
Steady-state sound pressure response,
161-164, 167
Steam turbines, predicting noise from,
675-676
Steam vents, predicting noise from, 676677
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Steel plates, gauges and weights of,
513--514
Stiffness-controlled boundaries, 169
Stochastic transients, 4647
Strouhal number, 619, 620, 640, 641
Structural-acousiical analogy, 156, 158
Structural-acoustical coupling, 169-170
Structural aconstics, 389
Structural damping, 561, 579607
analytical models of, 588
due to boundaries and remforcements,
591392
due to energy transport, 592-594
effects of, 579580
energy dissipation and conversion,
589-590
measurement of, 386588
measures of, 580586
commplex stiffness, 584586
decay of unforced vibrations with
viscous damping, 580-582
mterrelation of, 586
steady forced vibrations, 582584
models of, 588-589
retarding force m, 588
viscoelastic, 594607
materials and material combinations,
594-593
mechamcal properties of viscoelastic
materials, 595599
plates with viscoelastic coatings,
601602
plates with viscoelastic interlayers,
606607
structures with viscoelastic layers, 599
three-component beams with viscoelastic
mterlayers, 602-606
two-component beams, 599600
Structural dynamics, 389
Structure-borne sound, 611
Structure-borne whole-body vibration criteria,
878881 .
Strats, sound generation by, 638—639
Successive-approximation (SA) A/D
converters, 820822, 825
Superposition, 465467
with multiple correlated force input, 470
in source strength identification, 471-473
Supersonic jets, 621
Surging in HVAC noise, 903-905
SVD, see Singular-valued decomposition
Synchronous averaging, 51-52
Systems of units, 20, 9335
System identification, 769777, 827
closed-loop, 771, 772, 774776, 827,
828
in feedback control systems, 771-777
apen-loop, 771, 772, 774, 775, 827,
828
System response properties, identification of,

g

T
Tapering functions and windows, 5457
Tapped delay line filters, 743
Tapping machine, see Standard tapping
machine
Temperature, refraction of outdoor sound and,
129--130
Temperature-frequency equivalence
(viscoelastic materials), 597
Temporary threshold shifts (TTSs), 862, 869,
870
Terminal boxes/valves, HVAC, 707-709
Thermal-acoustical blanket insulation, 672
3-dB xule, 859
Three-dimensional masses, vibratien isolation
for, 363567
Three-dimensional silencer analysis, 280
Three-duct muffler, 304311 ~
Throttling valves, aerodynamic noise of,
6436356
acoustical efficiency, 647649
aerodynaniic noise, 643647
due to high velocities in valve outlet, 652
methods of valve noise reduction, 652—636
pipe transmission loss coefficient, 649651
Time constant, 48
Time history signals, 43-44 -
Time-varying signals, 4445
Time-varying transfer functions (ANVC

~ 4 systems), 771

Time-weighted average (TWA), 862
T-junctions, reflection loss of bending waves
through, 409--410
TL, see Transmission loss
TNM (Traffic Noise Model), 132
Tonal disturbance control, 754-760
Tonal noise;
boilers, 663
industnal fans, 669671
steam turbines, 676
transformers, 677, 679
from turbofan engines, 737738
Tonal oscillations, 635
Tones:
in continuous spectrum, 7, 8
pure, 2
in sound spectra, 2-3
Traffic noise, 124126, 132
Traffic Noise Model (TNM), 132
Trailing-edge noise, 640
Transfer function, 62
Transfer matrices (silencers), 280-281,
288293
cross-sectional discontinuities, 289-291
pipe with uniform cross section, 289
resonators, 291293
Transformers:
active noise control for, 723, 725
predicting noise from, 677679
Transient signals, 45, 55

Transient sound pressure response, 174178
Transmissibility, 557560
and damping, 561
and nertia base, 561562
and 1solation effectiveness, 569
and isolator mass effects, 570
and machine speed, 562
of nonrigid masses, 565567
with two-stage isolation, 572574
Transmission, soand transmussion, 71
flanking, 451453
of large partitions, 425--427
of small partitions, 421-424
loss of ducts and pipes, 448-451
at plane mterfaces, 403-406
of small partitions, 421425
standards for, 926-928
structural, 592593
through composite partitions, 451
through double- and multilayer partitions
443449
through finite-size pavel, 439-443
through infinite plate:
normal-incidence plane sound waves,
427430
oblique-incidence plane sound waves,
430--433
random-incidence (diffuse} sound,
433-439
Transmission coefficient, 425
Transmisston loss (TL), 284, 286
breakin, 450—451
breakout, 448450
classical defimtion of, 439
for double partitions, 447449
for ducts, 448-451
field-incidence, 435-436
of finite pacels, 439--443
flanking, 439443
impact noise isolation vs., 483486
for inhomogeneous plates, 438439
and mass law barrier, 443
for multilayered partitions, 443447
normalncidence, 427--430
oblique-incidence, 430-433
for orthotropic plates, 437
for pipes, 448-451
pipe transmission loss coefficient, 649—651
random-incidence, 434-435
resonance, 460
for single partitions, 442443
through partitions, 425427
through simple homogeneous structure,
459462
Transversal filters, 743
Transverse waves, 6
Traveling waves, 37
Travel-limited 1solators, 713
Trees, outdoor sound propagation and,
137-139

3
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Trigger signal (synctironous averaging), 52
TTS, see Temporary threshold shifts
Tuped dampers, 593
Turbines:

industrial gas turbines, 673~675

steam turbines, 675676

wind turbines, 679681
Turbofan engme noise control, 737738
Turbulent boundary layer nose, 626630
Two-stage vibration isolation, 572—576
Two-structure system:

noncorrelation between waves in, 455

power balance i, 456457

U
Ultrasonic waves, 1
Ultrasound exposure, 859, 860, 869871,
873874
Uncertainty, m. outdoor sound propagation,
140-143
Underexpanded jets, 621
Underwater sound propagation, 121
Uniform pressure mode, 154, 162
Unit-area acoustical impedance, 41
U.S. armed forces hearing conservation
criterion, 863, 867, 868, 874
Unit-sample sequence, 742
Unweighted (linear) averages, 48, 49
Urban noise, 907-908

Y
Vacuum bubbles, 385-387
Vacuum pumps, 660
Variation, coefficient of, 50
VDV (vibration dose value), 879
Vehicle exterior/intertor noise standards,
924--926
Velocity, propagation speed vs., 391
Vents, steam, predicting noise from, 676677
Vertical motions, rocking motions coupled
with, 563564
Vibration break, 413
Vibration data, 43
Vibration dose value (VDV), 879
Vibratton-induced white finger (VWF), 877
Vibration 1golation, 557578
active, see Active nowse and vibration
control
active machinery isolation, 840—845
for building mechanical systems, 711-715
classical model, 557563
damping effect, 561
inertia base effects, 561562
isolation efficiency, 560
liraitations of, 562—563
machine speed effect, 562
mass-spring-dashpot system, 557--360
transmissibility, 557560
high-frequency considerations in, 567-572
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Vibration isolation {contrued )
practical isolators, 576578
for rooftop air conditioning units, 716
for three-dimensional masses, 563567
two-stage, 572576
uses of, 557
Vibration sources:
acoustic, 905, 907
loading of, 567568
Vibration total value (VTV), 879
Viscoelastic damping, 594607
beams:
three-component, with viscoelastic
interlayers, 602606
two-component, 599-600
materials and material combinations,
594595
mechanical properties of viscoelastic
materials, 595-599
plates:
with viscoelastic coatings, 601602
with viscoelastic interlayers, 606~607
structures with viscoelastic layers, 599
Viscous damping, 561, 589n.
Viscous damping coefficient, 580
Viscous damping ratio, 583
Volume-displacing sound sources, radiation
by, 356-361
Yolume velocity, 146147, 359--361

Voyager lightweight aircraft, 866 e

VTV {vibration total value), 879
VWF (vibration-induced white finger), 877

W
Walls:
fexible-wall effect on sound pressure,
166-171
for mechanical rooms, 710
Wall pressure wavenumber-frequency
spectrum, 627, 629-630
Wave equation, 25-34, 149

continuity equation in, 27
equation of moton in, 2526
gas law in, 2627
one-dimensional:
backward-traveling plane wave, 32
general solation to, 27-28
mntensity, 31-32
outwardly traveling plane wave, 28--31
pasticle velocity, 31
root-mean-square sound pressore, 31
solutions to, 27-34
sphenical wave, 3234
in rectangular coordinates, 27
Waveguide absorber, 593
Wavelength, 7 ' )
Wave motion (in solids), 390—393
Wavenumber, 29
Weighted averages, 4849
WHO, see World Health Organization
Whole-body vibration effects, 875877
Wiener filter, 749
Wiener-Khinchine relatronship, 50
Wind turbines, predicting noise from,
679~631
Workplace noise standards, 918-974
Workshops, see Industrial workshops
Workstations, sound propagation between,
202, 204205

World Health Organization (WHO), 871, 907

Wrappings, 552-555
acoustical enclosares vs., 521
close-fitting enclosures ¥s., 552
defined, 517

Y
Youla transform, 781784
Young's modalus, 391, 493, 595

Z
“Zone of silence,” 345, 846, 847
Zoom transforms, 57
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