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FIGURE 10.15 Different ways of exertmg a moment on a fluid: (a) rotary oscillation 
around axes of nonrevolution; (b) rotation around axes of nonrevolution; (c) by shear 
stresses. 

equations describe the sound radiation of an oscillating moment, yielding 

p(r, <p, w) (-\-) w2M cos(<p) sin2 (i,lr) N/m2 

7l' c0r 
(10.55) 

The moment can be any combination of F and d prov1ded that kd « 1. 
As shown m Fig. 10.15, the moment M can be the result of the oscillatory 

rotation of solid bodies around axes of nonrotational symmetry, shear stresses 
actmg on the fluid (as it is the main source of noise of hlgh-speed jets), or any 
other acceleration motion that results in a increase of the rotary mertia of the 
body above that which would exist if the oscillatory rotation would be taking 
place in a vacuum. For a large number of body shapes this additional moment of 
rotary inertia M that acts on the flmd is g1ven m Table 10.1 under heading Mx 
and for ellipsoids of different aspect ratios in Fig. 10.7. 

Figure 10.15 shows vanous ways for the moment excitat10n of a fluid. Figure 
10.15a depicts moment excitation by an oscillatory rotation of a body around a 
nonsymmetric axis, and Fig. 10.15b shows excitat10n by steady rotation along 
t~e same axes. Figure 10.15c shows moment excitation by shear forces, where 
F = â-dS acts on a small fluid volume dV = 2(dS)d. The symbol â- is the 
fluctuatmg shear stress m newtons per square meter. Thls is the type of moment 
excitation found m the shear layer ofhigh-speedjets and is treated in Chapter 15. 

10.3 MEASURES TO REDUCE SOUND RADIATION 

In this section we will discuss some of the measures n01se control engineers and 
machlne designers might employ to minimize the sound radiation of vibrating 
bodies. Most of these measures have been already discussed in a qualitative 
manner in Section 10.1. In this section we will show certain specîfic measures in 
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the form of conceptual sketches and give references where the reader can find 
more detailed design information. 

Fish as Example for Minimized Added Mass. Through evoluuonary devel­
opment, fish have developed body shapes that minimize the reactton force on 
them when they accelerate therr motion m the forward direction. If not in motion, 
most fish have their pectoral fins deployed perpendicular to their body. If they 
sense danger and want to dart away as fast as possible, the pectoral fins move 
rapidly backward (just like the oars of a paddleboat). For moving their pectoral 
fin in this direction they have a large added mass and can produce a large impul­
sive force on the water, which propels them forward. As the pectoral fins corne 
near their body, the fins rotate 90° to align therr body so that they contribute only 
a negligible amount to the friction coefficient. After thls first impulsive burst, the 
pectoral fins are not deployed again until the fish want to use them to rapidly 
stop forward motion. With pectoral fins aligned the forward motion is propelled 
by the movement of the tail. At rest they deploy the pectoral fins again to be 
ready for the next dart. 

To survive, predator fish must develop a body that rninirnizes the added mass 
for swimming in the forward direction so that they can generate a minimum 
of waterborne sound when they mcrease the1r speed (accelerate) when closmg 
in on therr prey. Otherwise the prey would sense the sound generated by their 
acceleration early enough to dart into a safe mding space. In choosing body 
shapes that, for a given oscillatory veloclty, radiate the least amount of sound in 
the direction of the body's motion, n01se control engineers are well adv1sed to 
choose the shape of the vibrating body to resemble the body of a fish. 

As shown in Fig. 10.16, the most promising body shape would resemble that 
obtained by cutting two identical-size fish perpendicularly at the location of their 
largest cross-sectional area and fitting the two head-parts together so that the . 
two mouths point in the opposite direction. For motion m a direction different 

Side 
v1ew 

Top 
v1ew 

Fish Rigid body with minimum 
added mass in the ± x direction 

FIGURE 10.16 Learning from fish how to design bodies of tmmmum sound radiation 
owing to minimum added mass when oscillating in a specific direction. 
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from forward, espec1ally m the direction perpendicular to it, the added mass of 
the fish is much larger, indicatmg the importance of the directional and shape 
dependence of the added mass of vibrating bodies of a geometry that is different 
from a sphere. The sphere bas the distinction ofhaving the same, large added mass 
for accelerating in any direction of motion. This large added mass is the reason 
that fish do no have a spherelik:e body (except some slow- swimming variety 
that inflate themselves to dece1ve their would-be predator). If fish would rotate 
instead of swim (mostly along straight paths), all of them would have a near:, 
sphere-lik:e body. On the other hand, if we wish to reduce the noise generated 
by the spinning of a rigid body, the sphere 1s the best choice. Surrounding a 
rotating nonspherical body w1th a sphertcal shell that rotates with the body will 
substantially reduce the nmse radiation. 

Reduction of Sound Radiation at Specific Frequencies. There 1s a class 
of noise sources, such as power transformers and turbine-generators, that radiate 
exclusively or predorninantly tonal nmse. Figures 10.17 and 10.18 show how the 
tonal noise produced by such equipment can be controlled by lining their radiating 
surface with Helmholtz resonator arrays tuned to the frequency (or frequenc1es) 
of their tonal noise output. 

As shown in tlle lower sketch in Fig. 10.18, the nmse radiation at the tumng 
frequency of the resonators 1s achieved by the low impedance of the resonator 
mouth m tlle vicinity of its resonanc~ frequency. The fluid displaced by tlle solid 

• • ~·,él 

part of the face of the resonator finds it easier to enter the resonator volume than 
to undergo compression. The smaller tlle compression, the lower 1s the radiated 
sound. Information on how to design Helmholtz resonators can be found m 
Chapter 8. 

In the case of power transformers these tonal frequencies are 120, 240, 360, 
and 480 Hz in the Uruted States and 100, 200, 300, and 400 Hz in Europe. N01se 

vx v0 efwt 
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FIGURE 10.17 Frequency-selectlve reduction of sound generation owing to incorpo­
ration of Helmholtz resonators into the body: stiffened structural pipe beam vibrating 
perpendicular to 1ts axes or rotating at constant rate as a spoke of a wheel. 
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FIGURE 10.18 Frequency-selective reduct10n of sound radiation of a large fiat surface, 
such as the outside wall of transformer tank, by lining 1t with a Helmholtz resonator array. 

control measures for such noise sources and their advantages, disadvantages, and 
cost are compiled in reference 1 L 

Vacuum Bubbles. Figure 10.19 shows the concept of reducrng the sound radi­
ation of a transformer tank by limng tlle oil-s1de surface of tlle transformer tank 
with vacuum bubbles and how the presence of the vacuum bubbles, owing to their 
very large compliance, relieves the dynannc pressure on the tank wall and, con­
sequently, reduces the sound radiation. As shown schemat:Ically in Fig. 10.20a, 
vacuum bubbles are twm curved thin shells w1tll a small volume in between. 
When the cavity 1s evacuated, the shell nearly flattens out. In this evacuated final 
state they yield a compliance (inverse of the dynaffilc volume stiffness) that can 
be up to 50 times larger tllan the compliance of the arr volume they replace and 
up to 1000 times that of the compliance of oil volume they replace. A unique 
feature of the vacuum bubbles is that there is vacuum in tlle cavity and there is 
no lirnit for tlle dynamic compliance, as there would be ïf the cavity were filled 
with a fluid. Below their resonance frequency, which is determmed by the surface 
mass of tlle shell and its dynarnic volume compliance, their volume compliance 
is independent of frequency. They work well even if the frequency approaches 
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FIGURE 10.19 Reduction of the sound radiation from a transformer tank by limng the 
oil-side face of the tank wall w1th an array of vacuum bubbles of extremely mgh volume 
compliance. The vacuum bubbles can be ortented either perpendicular to the wall (as 
shown here) or parallel to it. Lower sketches indicate how the vacuum bubbles, wlnch 
are mucb more compliant than e1ther the oil or the tank wall, "soaks up" the momentum 
of the penodically approaclnng and receding oil. The veloc1ty of the oil is due to the 
vibration of the transformer core drtven by magnetostrictive forces. 

zero. Informat10n on how to design a vacuum bubbles for specific applications 
1s given in references 12-14. 

Figure 10.20 shows the geometry of a vacuum bubble (also called Scillator 
by its inventor Dr. Bschorr12

) before and after evacuation of the cavity. As the 
name vacuum bubble implies, it is useful only in the evacuated state. 

Vacuum bubbles are very sensitive to changes in static pressure (barometric 
pressure in air and depth-dependent pressure in liquids). Consequently, their most 
proffilsmg application would be in space stations, where the static air pressure 
can be controlled accurately. 
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(a) 

(b) 

FIGURE 10.20 Conceptual sketch of a vacuum bubble. (a) Cross-sectional shape before 
evacuat10n of the cav1ty: 1, double-curved tbin shell rn the form of a top segment of a 
large-radius bollow sphere; 2, fiat-plate strip base with punched hales. (b) Shape after 
evacuation of the cavity. 
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CHAPTER 11 

Interaction of Sound Waves with Solid 
Structures 

ISTVÂN L. VÉR 

Consultant in Acoustics, Nrnse, and Vibration Control 
Stow, Massachusetts 

The response of structures to dynamic forces or dynamic pressures is the subject 
of structural dynamics and acoustics. Structural dynamics is concerned predom­
inantly with dynamic stresses severe enough to endanger structural mtegrity. 
Structural acoustics deals w1th low-level dynaIDic processes m structures result­
ing from excitation by forces, moments, and pressure fields. The primary mterest 
in airbome and structure-borne n01se problems is the prediction of 

1. power input into the structure, 
2. the response of the exc1ted structure, 

3. propagation of structure-borne sound to connecting structures, and 
4. sound radiated by the vibrating structure. 

The subject matter of tlus chapter 1s specific to noise control problems and thus 
1s restricted to the audible frequency range and to air as the surrounding medium, 
though many of the concepts are directly applicable to liquid media or to htgher 
or lower frequencies. 

A typical noise control problem 1s illustrated in Fig. 11. 1. A resiliently sup­
ported floor slab in the room to the left (source room) 1s excited by the periodic 
impacts of a tapping machine, while the microphone in the receiving room to the 
right registers the resulting noise. A part of the vibrational energy 1s dissipated 
m the floating slab, a part is radîated directly as sound into the source room, 
and the remamder is transmitted through the resilient layer into the building 
structure. 

The radiated sound energy builds up a reverberant sound field m the source 
room that in tum excites the walls. The vibrations in the wall separatmg the two 
rooms, identified as path 1 m Fig. 11.1, radiate sound directly into the receiver 
room. The vibrations in the other partitions of the source room travel in the form 
of structure-borne sound to the six partitions of the receivmg room and radiate 
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CHAPTER 11 

Interaction of Sound Waves with Solid 
Structures 

ISTVAN L. VÉR 

Consultant 1n Acoustics, Noise, and Vibration Control 
Stow, Massachusetts 

The response of structures to dynrumc forces or dynamic pressures is the subJect 
of structural dynarmcs and acoustics. Structural dynamics is concemed predom­
mantly with dynam1c stresses severe enough to endanger structural mtegnty. 
Structural acoustics deals with low-level dynamic processes in structures result­
mg from excitation by forces, moments, and pressure fields. The pnmary interest 
in arrbome and structure-borne noise problems is the prediction of 

L power input mto. the structure, 
2. the response of the excited structure, 
3. propagation of structure-borne sound to connectmg structures, and 
4. sound radiated by the vibrating structure. 

The subJect matter of this chapter is specific to n01se control problems and thus 
is restncted to the audible frequency range and to air as the surrounding medium, 
though many of the concepts are directly applicable to liqmd media or to higher 
or lower frequencies. 

A typ1cal nmse control problem 1s illustrated in Fig. 11. 1. A resiliently sup­
ported floor slab m the room to the left (source room) 1s exc1ted by the penodic 
impacts of a tappmg machine, while the microphone in the rece1vmg room to the 
right reg1sters the resulting noise. A part of the vibrational energy 1s dissipated 
in the floating slab, a part 1s radiated directly as sound mto the source room, 
and the remainder 1s transrrntted through the resilient layer into the building 
structure. 

The radiated sound energy builds up a reverberant sound field m the source 
room that in turn excites the walls. The vibrations in the wall separating the two 
rooms, identified as path 1 in Fig. 11.1, radiate sound directly mto the rece1ver 
room. The vibrations m the other partit10ns of the source room travel in the form 
of structure-borne sound to the six partitions of the rece1vmg room and radiate 
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FIGURE 11.1 Sound transnussion paths between an rmpact source in room A and a ,. ,) 

recelVer in room B. Also shown are the paths to room C below. 

sound mto the receiver room. The structure-borne paths are 1dentified by waves, 
2, 21 and 3, 3' 

To reduce the noise level m the rece1ving room by a desired amount, the acous­
ucal engineer must estimate the sound power transmitted from the source room 
to the receiver room through each path and then design appropriate measures to 
(1) reduce power input to the floatmg siab, (2) mcrease power dissipation in the 
slab, (3) mcrease vibration 1solat10n, (4). reduce the structure-borne noise along 
Its propagation path between source and rece1ver room, (5) reduce the sound 
radiated by the partitions of the source room, and (6) reduce the reverberation 
buildup of the sound in the rece1ver room by increasmg sound absorption. 

The aim of this chapter is to provide the informauon needed to solve such 
typ1cal noise control engmeering problems. ✓ 

11.1 TYPES OF WAVE MOTION IN SOLIDS 

Wave mot10n m solids can store energy in shear as well as in compression. The 
types of waves possible in solids include compress10nal waves, flexural waves, 
shear waves, torsional. waves, and Rayleigh waves. Compress1onal waves are 
of practical importance in gases and liqmds, which can store energy only in 
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compression. The different types of waves m solids result from different ways of 
stn!ssi:ng. For a wave to propagate m solids, liquids, and gases, the medium must 
be capable of storing energy alternatively in kmetic and potentlal form. Kinetic 
energy is stored m any part of a medium that bas mass and is m motion, while 
potential energy 1s stored m parts that have undergone elastic defonnation. 

Solid matenals are characterized by the followmg pararoeters: 

Density PM kg/m3 

Young's modulus E N/m2 

Poisson's ratio V 

Loss factor 7) 

The shear modulus G is related to Young's modulus as 

E 
G= --- N/m2 

2(1 + v) 
(11.1) 

The sketches on the left of Table 11.1 illustrate the deformation pattern typical 
for compress10nal, shear, torsional, and bending waves in bars and plates. Acous­
tlcally important parameters of solid rnaterials are compiled in Table 11.2. Note 
that all tables m this chapter are placed at the end of the text. Thickness and 
we1ght per umt surface area of steel plates are listed in Table 11.10. Percentage 
open area of perforated metal is g1ven m Table 11.11. 

In dealing with structure-borne sound, we must distingmsh between velocity 
and propagation speed. The term velocity refers to vibration veloc1ty of the 
structure (i.e., the time derivative of the local. displacement), whlch 1s linearly 
proportional to the excitation and will be designated by the letter v. As illustrated 
on the left of Table 1 l. 1, the displacement and veloc1ty are in the direction of 
wave propagation for longitudinal waves and perpendicular to 1t for shear and 
bending waves. 

The term speed refers to the propagation speed of structure-borne sound, 
wh1ch 1s a charactensuc property of the structure for each type of wave motion 
and is mdependent of the strength of excitation prov1ded that the deformations 
are small enough to av01d nonlinearities. Propagation speeds will be designated 
by the letter c. We must distingu1sh between phase speed and group speed (or 
energy speed). 

The phase speed c is defined m terms of (1) the wavelength À, which 1s the 
distance in the propagation direction for which the phase of a sinusoïdal wave 
changes 360°, and (2) the frequency f of the sinusoid. Consequently, c = Àj. 

Formulas to calculate phase speed of the various wave types are given on the 
nght s1de of Table 11. l. Note that the phase speed for longitudinal, shear, and 
tors1onal waves is mdependent of frequency. Consequently, they are referred to 
as nondispers1ve waves. This means that the time history of an impulse, such as 
caused by a hammer blow striking axially on one end of a serm-mfinite bar, 
as illustrated in Fig. 11.2a, will have the same shape regardless of where the 
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FIGURE 11.2 Time h1story of beam motion for impulsive excitation: (a) axial 1mpact­
generating nondispersive compressional .waves; (b) normal rmpact-generatmg dispersive 
bending waves. 

axial motion 1s sensed. Because the pulses sensed at different locations are time­
delayed vers10ns of each other, the propagation speed of the longitudinal wave can 
be determined expenmentally as the ratio of the axial distance and the difference 
of arnval urne. Since all frequency components travel at the same speed, the 
phase speed (which is defined only for a steady-state sinusoidal excitation) 1s 
identical w1th the speed of energy transport. 

The phase speed of the bending wave can be easily measured by exc1ting 
the infinite beam w1th a steady-state sinusoidal force acting normal to the beam 
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axis and measuring the gradient of the phase dcp / dx along the beam. The phase 
veloclty es is defined as 

2nf 

I dcp/ dxl 
mis (11.2) 

However, the situation 1s much more complicated m the case of a complex 
waveform such as illustrated m Fig. 11.2b, where an infinite beam is impacted 
normally and a bending-wave pulse that contains a wide band of frequenc1es is 
created. Because of their higher phase speed, high-frequency components speed 
ahead of the low-frequency component. Consequently, the width of the pulse 
increases as it travels along the beam. The speed of energy transport for the 
bending-wave pulse is not obvious. In case of light fluid loading (when the 
energy carned in the surrounding fluid 1s negligible), it 1s meamngful to define 
the energy transport speed as the ratio of transrnitted power W and the energy 
density E" (per unit length of beam). For a pulse whose spectrum peaks at 
frequency f the energy speed csc is twice the phase speed1: 

csc(f) = 2cs(f) mis (11.3) 

Accordingly, the power transillltted by a plane bending wave m the direct10n of 
propagation per umt area of a structure normal to that direction is 

(11.4) 

where v 1s the rms value of the bending-wave velocity and PM is the density 
of the material. According to Eq. (11.4), the bending-wave power in an mfinite 
beam of cross section S is given by 

(11.5) 

and power transillltted by a plate of thickness h across a line length l aligned 
parallel to the wave front is 

(11.6) 

11.2 MECHANICAL IMPEDANCE AND POWER INPUT 

Except for the initial transient, the velocity at the excitation point is zero if 
a structure is subJected to a static force. Accordingly, a static force does not 
transmit power into a fixed structure. For dynarnic excitation by a point force 
or moment [the moment M = Flm is defined as a pair of forces (F) of equal 
magnitude but opposite direction acting simultaneously at a short distance ( ½ l M) 
on both sides of the excitation pomt], there is always a finite dynarnic velocity 
or dynarnic rotation at the excitation point. If the velocity at the excitation pomt 
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bas a component that IS m phase with the force, or the angular velocity has a 
component that 1s in phase with the moment, then power 1s fed continuously into 
the structure. 

Mechanical lmpedance 

The mechanical impedance 1s a measure of how a structure "res1sts" outs1de forces 
or moments. A thorough understanding of mechanical impedances is a necessary 
requirement for understanding and for solvmg most nmse control problems. The 
concept of mechanical rmpedance is best introduced by cons1denng a harmoruc 
force F acting on an ideal lumped-parameter system such as a rig1d 
unrestramed mass, a massless spring, or a dashpot. The velocity response is also 
a harmomc fonction of the form v = iieJwt. The force 1mpedance Z F 1s defined as 

= ii 
N s/m (11.7) 

and the moment rmpedance as 

M 
ZM = N • s/m (11.8) 

.") ·. 
where M 1s the exciting moment (torque) and 0 1s the angular veloc1ty at the 
excitation point. 

The point force 1mpedance for these basic lumped elements are listed below: 

Element Zp 

F m 
Mass jwm -+{) 

Spring -;s/w ~ 
Dashpot r F rDf _...,--1 

where m is the mass of a rig1d body, s 1s the stiffness of the spring, and r is the 
res1stance of the dashpot. Note that the direction of the force must go through 
the center of gravity of the mass so that the velocity response 1s free of rotation 
and 1s m the direction of the force. For the rig1d mass and the massless spring 
the force impedance is imaginary, mdicating that the force and veloc1ty are in 
quadrature and the power input is zero. 

Formulas for computing the point force aud moment 1mpedances of infinite 
structures are given m references 2-12 and m Tables 11.3 and 11.4, respectively. 
Both force and moment 1mpedances are idealized concepts, defined for point 

'I 
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forces and pomt moments. Forces or moments can be considered applied at a 
point, provided that the surlaces over which they act are smaller than one-sixth 
of the structural wavelength. Naturally, the excited surface area must be large 
enough so that the force does not cause plastic defonnation of the structure. 
There 1s proportionality between force and moment impedances in the form of 

(11.9) 

where ('4! is the effective length given m Table 11.5. 

Power Input 

For the dashpot the force impedauce is real. The velocity 1s in phase with the 
force and the power' that is fed continuously into the dashpot and diss1pated 
mit is given by JIF12/r. More generally, for a system with a complex force 
1mpedance the input power is 

ü) 12n:/w 
- F(t)v(t) dt= ½IFI liil cosrp 
2n 0 

w 
(11.10) 

where fr and ii are the peak amplitude of the exciting force and the veloc1ty, </> 
is the relative phase between F(t) and v(t), and Re{} refers to the real part of 
the bracketed quantlty. Equat10n (11.10) is valid for any situation, not only for 
the dashpot. 

Rigid masses, massless spnngs, and dashpots are useful a,bstractions that repre­
sent the dynamic properties of structural elements. At sufficiently low frequencies, 
the housing of a resiliently mounted pump behaves lik:e a rigid mass, while 
the resilient rubber rnount that supports 1t behaves like a spring. This. lumped­
parameter characterizat10n of mechanical elements becomes mvalid when, with 
increasmg frequency, the structural wavelength becomes smaller than the largest 
dimensions of the structural element. • 

To deal with finite structures that are large compared with the structural 
wavelength, we need another useful abstraction. Regarding their input 1mpe­
dance-wh1ch governs power input-it 1s useful to consider such structures as 
mfinite. The strategy for predicting the vibration response and sound radiation 
for these structures 1s to estimate the power mput as if they were mfinite and 
then predict the average vibration that such input power will cause m the actual 
firute structure. Because most structures are made of plates and beams, our strat­
egy requires us to characterize the impedance of infinite plates and beams. The 
abstraction of mfinite size is invoked so that no structural waves reflected from 
the boundaries corne back to the excitat10n point. In this respect, structures can 
be cons1dered infinite if no reflected waves that are coherent with the input corne 
back to the excitation point because the boundaries are completely absorbmg 
or because there is sufficient dampmg so that the response attributable to the 
reflected waves is small compared to that attributable to the local excitation. 
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In respect to point force_ excitation, infimte structures are charactenzed by 
0-err pomt force impedance Zp00 or point mput adllllttance (also called mobility) 
Y Foo, defined as 

- Fa 
ZFoo = --=--N s/m 

Vo 

- 1 va 
y Foo = --- = --;:;- mJN · S 

ZFoo Fa 

(11.11) 

(11.12) 

where Fa is the applied pomt force and v0 is the velocity response at the excitat10n 
pomt. The tilde above the symbols (which we will drop m further considerations) 
signifies that Fa and v0 are complex scalar quantities characterized by a magnitude 
and phase. Since va usually has a component that is m phase with Fa and one 
that is out of phase with Fa, the parameters Z F and Y F usually have both real 
and imagmary parts. 

The power mputs to infimte structures excited by a point force or by a point 
velocity source (i.e., a vibration source of high mtemal impedance) are, respec­
tively, 

i A2 { 1 } Win= l 2F0 1 Re --
ZFoo 

w (11.13a) 

W~=Gpp Re --··{ cll } 
ZFoo 

W/Hz (11.13b) 

Win= (½D5) Re{ZFoo} w (11.14a) 

W~ = Gvv Re{ZFoo} W/Hz (11.14b) 

where Fa and Do are peak amplitudes of the exciting smusoidal force and velocity 
and G FF and Gvv are the force and velocity spectral densities when the excitation 
i~ of broadband random nature. For excitation by a moment of peak amplitude 
M or by an enforced angular velocity of peak amplitude ê, the corresponding 
expressions are 

W{n { 1 } Hz= GMM Re ZM W/Hz 

1 A 

Wm = 1201 Re{ZM} W 

W{n = Gee Re{ZM} W/Hz 

(11.15a) 

(11.15b) 

(11.16a) 

(11.16b) 

Table 11.3 lists the pomt force impedance Z Foo and Table 11.4 the moment 
impedance Z Moo for sellll-infinite and mfimte structures. Table 11.5 lists the effec­
tive length lM that connects the point force and moment impedances according 
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to Eq. (11.9). Information regarding power input to infinite structures for force, 
veloclty, moment, and angular velocity excitation is compiled m Table 11.6. The 
most complete collection of impedance formulas, which includes beam~, box 
beams, orthotropic and sandwich plates wlth elastic or honeycomb core, grills, 
homogeneous and rib-stiffened cylinders, sphencal shells, plate edges, and plate 
intersections and transfer impedances of various kinds of vibration isolators, is 
presented in reference 12. 

For approximate calculations or for cases where no formulas are given in 
Tables 11.3-11.6, the power input to infinite structures can be estnnated accord­
mg to Heck110•11 as 

(11.17) 

(11.18) 

where Eq. (11.17) is used for localized force excitation (i.e., low-impedance 
vibration source) and Eq. (11.18) for localized velocity excitation (i.e., high­
impedance vibrat10n source) and Zeq is estimated as 

Zeq = WPMSE[aÀ] N, s/m (beam) (11.19a) 

Zeq = WPMhE[rr(aÀ)2] N s/m (plate) (11.19b) 

Zeq = cvpME[1rr(aÀ)3] N, s/m (half space) (11.19c) 

where PM is the density of the matenal, S is the cross-sectlonal area of the 
beam, h is the plate thickness, À is the wavelength of the motion excited most 
strongly (bending, shear, torsion, or compression), and E is 1 when the structure 
is excited m the "llllddle" and 0.5 when lt is excited at the end or at the edge 
(sellll-mfimte structure) and ais a number in the range of 0.16-0.6. If not known, 
lt is customary to use a = 0.3. 

The eqmvalent impedance Zeq m Eq. (11.19) has an mstructive and easy-to­
remember interpretation, namely that the magmtude of the point input impedance 
is roughly equal to the impedance of a lumped mass that lies withm a sphere 
of radius r :::: ½ À centered at the excitation pomt. This portion of the structure 
is shown in the third colurm1 of Table 11.3. This principle can be extended to 
composite structures10 such as beam-stiffened plates where the combmation of 
Eqs. (11.19a) and (11.19b) yields 

(11.20) 

Another useful rule of thumb is that, regarding P?Wer mput, excitation by a 

moment M and by an enforced angular veloclty ê can be represented by an 
A • • A 11 

eqmvalent pomt force Feq or equivalent velocity Veq, 
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fi: '.:::é M 
eq - 0.2'.,B 

Veq ~ 0(0.2ÀB) 

N 

mis 

(11.21) 

(11.22) 

If the excitation force extends over an area that 1s large compared with the bending 
wavelength, the power transmitted mto the structure becomes substantially less 
than it would be for a concentrated force. For extended velocity source the 
power transmitted becomes significantly larger than it would be for a concentrated 
velocity excitation. 

According to reference 5, the real part of the point force impedance, Re {ZFco}, 
can be predicted according to Bode's theorem as 

(1123) 

where E is defined here as an exponent of the Zeq-versus-frequency curve (i.e., 
Zeq ~ ù/), where E 0 for homogeneous isotropie thick plates, E = 0.5 for 
beams in bending, and E = ~ for cylinders below the nng frequency. 

Parameters lnfluencing Power Input. When the excitation point is near a 
structural junction, part of the incident vibration wave is reflected. This reflected 
wave mfluences the velocity at the excitatipn pomt and thereby also the driving 
point impedance and consequently the power mput. Fig. 11.3a shows the effect 
of the v1cinity of a T-junction compnsed of identical, anechoically terminated 
beams on the pomt force impedance Z2(x0) as a fonction of the distance x0 
between the junction and the excitation pomt. 13 As expected, the impedance 
mcreases rapidly with decreasing distance when x0 < ½Àe. The JUnction has a 
considerable effect even for large x 0, causrng approximately a 2 : 1 fluctuation in 
the magnitude of the impedance. Figure 11.3b shows the measured distribution 
of the beam vibration veloclty lv(x)I along each of the three beam branches, 
mdicating that the observed strong standing-wave pattern is limited to that part 
of beam 2 that lies between the junct10n and the excitation point. 

The impedance formulas presented m Tables 11.3-11.6 are strictly valid only 
when the surrounding fluid medium has no apprec1able effect on the response of 
the structure. This is generally true for arr as the surrounding medium but not 
for water, which is 800 times more dense than air. The effect of flmd loading at 
low frequenc1es 1s equivalent14 to adding a virtual mass per unit area p~, 

(11.24) 

to the mass per urut area of the plate. In Eq. (11.24), Po 1s the dens1ty of the fluid 
and cB(f) and Àe(/) are the bending-wave speed and the wavelength of the free 
bending waves m the unloaded plate (see Table 11.1). Because p; 1s mversely 
proport1onal to r.,}12, fluid loading results m greater reduction of the response 
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FIGURE 11.3 Effect of the v1cimty of T-Juncüon on the measured point force impe­
dance and velocity response13: (a) normalized force impedance Z1 (xo)/Zioc as a functlon 
of the normalized distance x0/}, 8 and x; 1s the distance from the junction along beam t; (b) 
distribution of normalized velocity, v(x)/v 0, àlong the three beam branches as numbered 
in (b). 

at the excitation point at low than at h1gh frequenc1es. Flmd-loading effects are 
treated in references 14-17. 

11.3 POWER BALANCE AND RESPONSE OF FINITE STRUCTURES 

For fimte structures, the response at the excitation point, and accordingly also the 
input admittance, Y 1/Z, depends on the contribution of the waves reflected 
from the boundanes or discontinuities. Consequently, Y vanes. w1th the location 
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of the excitation point and ,vith frequency. However, both the space-averaged 
and frequency-averaged input admittances of the firute structure (Y (x, f) )x and 
(Y (x, f)) f equal the pomt input admittance of the eqmvalent mfirute structure. 18• 

namely, 
(Y(x, f))x (Y(x, f))f Y00 mlN • S (11.25) 

Figures 11.4a and 11.4b show the typical variation of the real and imaginary 
parts of the pomt input adnuttance of a fimte plate with location x and frequency 
f, respectively. This particular behav1or has considerable practical importance: 

1. The power introduced into a finite structure by a point force of random­
noise character can be well approximated by the power that the same force 
would introduce mto an eqmvalent infinite structure. 

2. The power introduced mto a fimte structure by a large number of randoruly 
spaced point forces can be approximated by the power the same forces 
would introduce into an equivalent infinite structure. 

Resonant Modes and Modal Density 

The peaks in Fig. 11.4a correspond to resonance frequencies of the fimte struc­
ture, where waves reflected from the boundanes travel in closed paths such that 
they arrive at therr starting point in phase? The spatial deformation pattern that 
corresponds to such a particular closed path 1s referred to as the mode shape and 
the frequency where it occurs as the eigenfrequency or natural frequency of the 
finite structure. The importance of such resonances lies in the high transverse 
velocity caused by the in-phase superposition of the multiple reflections that may 
result m increased sound radiation or fatigue. 

Exact calculation of the natural frequencies 1s possible only for a few highly 
1dealized structures. Fortunately, the modal density n(f), which is defined as 
the average number of natural frequenc1es in a 1-Hz bandw1dth, depends not 
too strongly on the boundary conditions. Accordingly, one can make a reliable 
statistical predict10n of the modal density using the formulas obtained for the 
equivalent 1dealized system. 

For example, the modal denslty of a. thin, fiat, homogeneous, 1sotrop1c plate 
of not too high aspect ratio two octaves above the first plate resonance is already 
well approxnnated by the modal density of a rectangular plàte of equal surface 
area, which is given by1 

s (11.26) 

where Sis the area (one s1de) and h 1s the th1ckness. Note that n(f) is independent 
of frequency and that it is large for large and thin plates. 

The modal density of rooms of volume V one octave above the first room 
resonance is usually well approximated by the first term of the modal dens1ty of 
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a rectangular room w1th hard walls, 

n(f) 
n:S L 

+ +- s 8c0 
(11.27) 

where S 1s the total wall surface area and L 1s the longest dimens10n of the rect­
angular room. The first resonance frequency, modal dens1ties, and mode shapes 
of a number of finite structures and the point input 1mpedance (the inverse of the 
admittance) of the eqmvalent infinite structure are compiled in Table 11.7. More 
detailed mformat10n on mode shapes, natural frequenc1es, and modal dens1ties 
are g1ven in reference 19. The following important relationsh1p ex1Sts between 
the modal density and the real part of the point force admittance of the equivalent 
infinite system1 : 

1
4 for tbm plate 
2 for thin cylinder 
1 for thin sphere 

where M is the total mass of the finite system. 

Power Balance 

The power balance given in Eq. (11.29), 

(11.28) 

(11.29) 

States that, in steady state, the power introduced, Win, equals the power dissipated 
in the structure, Wa, the power transrmtted to connected structures, Wrr, and the 
power radiated as sound into the surrounding fluid, Wract• If the excitation is by 
a point force of peak amplitude Fo and the structure 1s a homogeneous isotropie 
thin plate of thiclmess h, area S (one s1de), density PM, w1th longitudinal wave 
speed cL, immersed in a fluid of density Po, and speed of sound c0, Eq. (11.29) 
takes the form 

½ft2 Re{YF} (v2)S[p,w17J + PsCùrftr + 2Pocoa] W (11.30) 

where Ps = Puh is the mass per unit area of the plate, co = 2n:f 1s the radian 
frequency, r/d and 1/tr are the dissipative and transmissive loss factors, and a is the 
sound radiation efficiency of the plate (see Section 11.6). Combming dissipative 
and transmiss1ve losses into a single composite loss factor r/c ria + 1/rr and 
assuming Re{Yp} = Y Foo 1/ZFoo 1/(2.3psCLt), as g1ven in Table 11.3, and 
solving for the space-time averaged mean-square plate velocity (v2) yield 

·2 

(v2) = Fo mz /s2 
4.6p}cLtCùrfcS(l + 2pocoa / PsùJ1/c) 

(11.31) 

Example 11.1. Predict the space-t1me averaged veloc1ty response ((v2 )) 1/ 2 of 
a 2-mm-thick, 1 x 2-m steel plate to a pomt force Fo = 10 N peak amplitude 

V' 

1 
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at a frequency of 10 kHz when a l and T/c = 0.01. Compare wrth the 
mean-square velocity at the excitanon point v5. The input parameters to be used 
in connection w1th Eq. (11.31) and Table 11.2 are 

Fo 10 N Ps = PMt = 7700 kg/m3 x 2 x 10-3 m = 15.4 kg/m2 

ci 5050 rn/s co = 2TCJ 2n x 104 radis T/c 0.01 

S 2 m2 Po 1.2 kg/m3 co = 340 rn/s a = 1 

y1elding 

102 

4.6 X (15.4)2 X 5.05 X 103 X 2 X 10- 3 X 211: X 104 X 10-2 

1 
x------------------

2(1 + 2 X 1.2 X 340/15.4 X 2TC X 104 X 2 X 10- 2) 

6. 7 X 10- 6 rn/s2 

![Ji) = 2.6 X 10- 3 rn/s 

= 0.14 rn/s 

(0.14)2 X 106 
6.7 

2925 

102 

4.6 X 15.4 X 5.03 X 103 X 2 X 10-3 

11.4 REFLECTION AND TRANSMISSION OF SOUND 
AT PLANE INTERFACES 

When a plane sound wave traveling in a homogeneous medium encounters a 
plane interface w1th another medium, 1t may be (1) totally reflected, (2) partially 
reflected, or (3) totally transmitted depending upon the angle of incidence, the 
propagation speed of sound, and the density of the rnaterials on both sides of the 
mterface. Interfaces of practical importance are between air and water, between 
air and solid matenals, between air and porous materials -(such as ground or 
sound-absorbing materials ), and between layers of fi brous· sound-absorbing mate­
rial such as treated in Chapter 8. 

The simplest case is when the wave front of the incident plane wave is parallel 
to the plane of the interface (i.e., the wave propagates normal to the mterface), 
as shown schemat1cally m Fig. 11.5. In this simple case the transmitted wave 
Ptran retams the propagation direction of the incident wave Pinc and the following 
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FIGURE 11.5 Reflection and transmission of a plane sonnd wave normally incident 
on the plane interface of an infimtely thick medium: Pinc, Pref, P1r, peak amplitudes of 
mcident, reflected, and transmitted pressure; p, c, dens1ty and speed of sound of respective 
media. 

relationships apply: 

4Re{Z2}/Re{Zi} 2Z2 
= Prran 

Pinc IZ2/Z1 + 112 Z2 + Z1 

Pref = l _ Wtran = Z2 -

Pînc Wref Z2 + Z1 

and for the power transmission and reflections 

l
z z \

2 
1- 2 1 

+Z1 

Wref I Z11
2 

Wmc = Z2 + Z1 

(11.32) 

(11.33) 

(11.34) 

(11.35) 

where Z, = p1c, is the characteristic impedance of media i for plane waves and 
Pi and c; are the density and sound speed of the medium. For an air-steel 
interface and for a water-steel interface where Z2/Z 1 3.9 x 107 /4.1 x 102 
and Zz/2 1 = 3.9 x 107 /1.5 x 106, respectively, Eqs. (11.32)-(11.35) y1eld 

Interface Ptran/ Pînc 

Arr-steel l.99998 
Water-steel 1.927 

Prer/Pinc 

0.99998 
0.927 

0.00004 
0.141 

0.99996 
0.859 
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indicating that plane waves normally incident from arr onto bulk solid materials 
transmit only an extremely small portion of the incident energy while those 
mcident from liquids are able to transnut an important fraction of the incident 
sound energy. 

If the plane wave arnves at the plane mterface at an oblique angle </)1 (</)1 0 
1s normal incidence), the angle of the reflected wave <Pr = </); but the angle of 
the transillltted wave <pz depends on the ratio of the propagation speeds m the 
two materials according to Snell's law: 

c1 sm(/)1 

Cz sm</)z. 
(11.36) 

If the plane interface is between two semi-mfirnte fl.uids or between a flu1d and a 
porous sound-absorbfog matenal, only compressional waves are generated. How­
ever, at interfaces between a fluid and a solid the energy transmitted into the 
semi-mfinite solid contains both compressional and shear waves. As illustrated 
in Fig. 11.6, the transmitted wave breaks toward the normal ofthe interface if 
c2 < c1 and away from the normal if c2 > c1. 

y 

0 

FIGURE 11.6 Reflection and transmission of an oblique-mcidence plane sound wave 
at the plane interface of two senn-mfinitely thick medium, k1 w/c,, k2 w/cz. 
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If c2 < ci, there is always a transrrutted wave even for grazmg incidence 
(</>1 = 90°), and for lossless media the power transmission reaches 100% at an 
oblique-mcidence angle </>1 when 

(c2/c1)2 sm2 <P1 

cos2 </>1 
(11.37) 

If c2 > c1 sound transrmssion occurs only m a limited mc1dence angle range 
0 < </>1 < </>1i = sin-1(cif c2). For angles </>1 > <PIL there is a total reflection and • 
the sound wave penetrates into the second medium only in the form of a near 
field that exponentially decays with distance from the interface. The pressure 
reflection coefficient for oblique-incidence sound is given by 

{ 

Z2/Jl - [(c2/c1) sin<P1J2 - Zi/ cos</)1 

R(</>i) = Pref(ef>i) = Z2/ /1 - [(c2/c1) sm <P1F + Zi/ cos 4>1 

Pînc ( </Ji) for c2 < c 1 or c2 > c1 and 4>1 < </>1i 
1 for c2 > ci and <P1 > <PŒ 

(11.38) 

The lirmting angle for plane-wave sound transmission from air to steel 1s <PLc = 
sin- 1(co/c,) 3.8° for compressional waves and <PLS sin- 1(c0/c,) = 4.5° for 
shear waves. For sound transmission from water to steel, the corresponding lim­
iting angles are i/Jic 13° and </>is 15°, respectively. For angles larger than 
these, there 1s total reflection and only qponentially decaymg near fields exist 
m the solid. 

11.5 POWER TRANSMISSION BETWEEN STRUCTURAL ELEMENTS 

In the preceding sections, the power lost to a connected structure was considered 
only as an additional mechanism that mcreases the loss factor of the excited struc­
ture. In many practical problems, however, the power transrmtted to a neighbonng 
structure 1s the pnme reason for a noise reduction program. 

The power balance equation states that the power introduced into the directly 
exclted structure 1s either dissipated in it or is transmitted to neighboring struc­
tures. Accordingly, if in a noise reduction problem the power 1s to be confined to 
the excited structure, the power dissipated in the structure must greatly exceed the 
power transmitted to the neighboring structures. Thls requrres a hzgh loss factor 
for the exc1ted structure and a construction that minimizes the power transmission 
to neighboring structures. Methods to achieve high dampmg are the subject of 
Chapter 14. 

Reduction of Power Transmission through a Change 
in Cross-Sectional Area 

The s1mplest construction that causes a partial refiection of an incident com­
pression or bending wave is a sudden change in cross-sectional area, as shown 
schematically in Fig. 11.7. 
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FIGURE 11.7 Attenuatlon at discontimnty m cross section as a functlon of tlnckness 
ratio. (After reference 1.) 

Reflection Loss of Compression Waves. The rejlecüon loss t:,.RL, defined 
as the logarithmic ratio of the mcident to the transrrutted power (for both sections 
of the same material), is calculated as1 

(11.39) 

where Œ Szf S1 is ratio of the cross-sect10nal areas (see Fig. 11.7). 
The refiection loss as a function of cross-sectional area ratio 1s plotted as the 

dashed line in Fig. 11.7. Since Eq. (11.39) is symmetrical for S1 and S2, the 
reflection loss is mdependent of the direction of the incident wave. Thls equatton 
is also valid for plates where u h2/ h 1 is the ratio of the thicknesses. Note 
that a 1 10 change m cross-sectional area y1elds only 4.8 dB reflection loss. To 
achleve 10 dB reflection loss, a 1 • 40 change m cross-sectional area would be 
necessary! 

Ref/ection Loss of Bending Waves. The reflection loss for bending waves 
of perpendicular incidence ât low frequencies is mdependent of frequency and 1s 
g1ven by1 

(11.40) 

The equation is also plotted in Fig. 11.7 (solid lrne ). 
We conclude from Fig. 11.7 that a change m cross-sectional area 1s not a 

practical way to achleve hlgh reflection loss m load-beanng structures. 
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Reflection Loss of Free Bending Waves at an L-Junction 

Structural elements that necessitate a change in the direction of a bending wave 
play an important role in structures. We consider here normally mcident bending 
waves at a JUnction between two plates (or beams) at right angles: For low 
frequenc1es both the transmitted and reflected energy is predorninantly m the 
form of bending waves. In this frequency range the reflection loss (logarithnnc 
ratio of incident to transmitted power) for plates and beams of the same materials 
1s g1ven by1 

[

a5/4 + a~5/4l 
L\Ree = 20log ..fi J dB (11.41) 

Tlns equation is plotted m Fig. 11.8. Because A.R88 is symmetrlc m a, the 
reflection factor does not depend upon whether the onginal bending wave is 
incident from the thicker or from the thinner beam or plate. Note that the lowest 
reflection loss of 3 dB occurs for equal thicknesses (a = 1). If the two plates 
or beams constitutmg the Junction are of different material, replace the ratio 
a= h2/ h1 by 

(11.42) 

where B and cB are the bending stiffnêss'1füld propagation speed of free bending 
waves, respectively (see Table 11.1). At higher frequenc1es the incident bending 
wave also excites longitudinal waves in the second structure.1 
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FIGURE 11.8 Attenuation ofbending waves at corners (in absence oflongitudinal wave 
interacuons) as a function of thickness ratio. (After reference 1.) 
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Reflection Loss of Bending Waves through Cross Junctions 
and T-Junctions 

409 

Other structures that may prov1de a substantial reflection of an incident be11ding 
wave are the cross junction of walls shown schematically m Fig. 11.9 and the 
T-junction in 11.10. If a bending wave of perpendicular incidence reaches 
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FIGURE 11.9 Attenuation of bending waves at plate mtersections (in absence of lon­
gitudinal wave mteractions) as a function of thickness ratio. (After reference 1.) (-·-) 
t:,.R12 for random mcidence computed by K.ihlman.20 . 
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FIGURE 11.10 Attenuation of bending waves at plate intersect10ns (in absence of lon­
gitudinal wave mteractions) as a function of thlckness ratio. (After reference 1.) 
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the cross junctron from plate 1, it is partially reflected and partially transrnitted 
to the other plates. The transillltted power splits mto a number of different wave 
types, namely, bending waves m plate 3 and longitudinal and bending waves in 
plates 2 and 4. Because of the syrnmetry in the geometry, plates 2 and 4 will 
have the same excitation.1 

The reflection loss ( defined as the logarithmic ratio of the power in the incident 
to that rn the transillltted bending wave) is given as a fonction of the ratio 
of the plate thickness for plates or beams of the same material and is shown 
in Figs. 11.9 and 11.10. When the plates are made of different matenal, the 
ratio a h2/ h1 1s given by Eq. (11.42). The amplitudes of the bending waves 
transmitted without a change m direction are restramed by the perpendicular 
plate, and the refl.ection loss in this direction, AR13, increases monotonically 
w1th increasmg thickness of the restraining plate, h2 . Since this plate effectively 
stops the vertical motion of the horizontal plate at the junction, even for very thin 
vertical walls, AR13 remains level at 3 dB, mdicating that only the power carried 
by the bending moment can pass the junctron. For those bending waves that 
change direction at the junction, the reflection loss becomes a minimum (AR 12 = 
9 dB) at a thickness ratio a = h2/ h 1 = l for the cross Junct10n; corresponding 
numbers for the T-junction are 6.5 dB at a thickness ratio a = hd h 1 = 1.32. The 
reflection loss then increases symmetrically for increasrng or decreasing th1ckness 
ratio (h2/ h1). 

The transmission of free bending waves at cross junctions for random inci­
dence has been computed and the reflèction loss for a number of combinations 
of dense and lighnveight concrete plates detennined.20 The results for AR 12 are 
plotted in Fig. 11.9 (as x's), which indicate that AR12 for random incidence 
is somewhat higher than that for normal incidence. It was also found that for 
random mc1dence AR12 is independent of frequency but AR 13 decreases w1th 
increasrng frequency. 

Power Transmission from a Bearn to a Plate 

The structural parts of a modern building frequently include columns and struc­
tural floor slabs. Consequently, the power transmission from a beam to a plate, 
which models this situation, 1s of practical interest. Let us first consider the 
reflection loss for longitudinal and bending waves incident from the beam onto 
an m:finite homogeneous plate. 

Ref/ection Loss for Longitudinal Waves. When a longitudinal wave in the 
beam reaches the plate, its energy 1s partly refiected back up the beam and 1s 
partly transnutted to the plate m the form of a bending wave. The reflection loss 
(equal to the logarithmic ratio of the incident to the transnutted power) 1s 

by21 

(11.43) 
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where Yb = 1/Zb admittance of serni-infinite beam for longitudinal waves, 
m/N s 

Yp pomt admittance of mfinite plate, 1/Zp, m/N s 

Both Yp and Yb are real and frequency independent and can be found for infinite 
beams and plates from Table 11.3 by taking the rec1procal of the impedances, 
that 1s, Yb = 1/ PbCLbSb and Yp I/2.3ppCLph

2 

Complete Power Transmission between Beam and Plate for Longitu­
dinal Waves. Inspecting Eq. (11.43), we note that the reflectlon factor 1s zero 
(all the mcident energy 1s transrnitted to the plate) when Yb= YP' Equating the 
values for Yp and Yp given above yields the requirements for complete power 
transmissmn from the beam to the plate: 

2.3 PpCLvh2 m2 

PbCLb 
(11.44) 

If the column and the slab are of the same matenal so that PpCLp PbCLb, 

Eq. (11.44) simplifies to 
(11.45) 

This equation says that for perfect power transfer from a beam of square cross 
section to a large plate, the cross dimension of the beam must be 1.52 times 
the thickness of the plate and for a beam of circular cross section the radius 
must be 0.86 times the plate thickness. Actually, this is well within the range 
of slab thicknesses-column cross section ratios commonly found m architectural 
structures. The refl.ection factor for different geometries of steel beam and plate 
connections has been measured.21 The results for a substantial rnismatch (a) and 
for a near matching (b) are plotted in Fig. 11.11. 

Ref/ectïon Lass for Bending Waves. When a beam cames a free bending 
wave, a part of the energy carned by the wave is transmitted to the plate by the 
effective bending moment and excites a radially spreading free bending wave 
in the plate. A part of the mcident energy is reflected from the junction. Here 
the reflect10n loss is detennined by the respective moment impedances1,

21 of the 
plate and the beam: 

Yf-YM 
-lOlog M M dB 

Yb + YI} 

(11.46) 

where the moment admittances ybM and Y;w are glven by1•20 

(11.47) 
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FIGURE 11.11 Reflection loss for longitudinal waves, !::..RL, for a steel beam plate 
system: (a) plate thlckness 2 mm, beam,çro!s section 10 x 20 mm; (b) plate thickness 
4 mm, beam cross section 5 x 10 mm. (After reference 21.) 

and 

(11.48) 

where k wavenumber, m- 1 

B P = bending stiffness per unit width of plate, N , m 
a effective distance of pair of point forces making up moment on 

plate, m; for rectangular and circular beam cross section a,. = }d 
and a,, 0.59r 

d = side dimension of rectangular beam cross section (in direction of 
bending), m 

r = radius of circular beam cross sectJ.on, m 

The reflection loss obtained21 for the bending-wave excitation of a steel rod of 
1 x 2 cm cross-sectional area attached to a 0.2-cm-th!ck semi-infimte steel plate 
for two perpendicular directions of bending of the rod 1s plotted in Fig. 11 .12. 

Complete Power Transmission for Bending Waves. Since the moment 
impedances of the plate and beam are both frequency dependent, complete power 
transmission (6.RB 0) can occur only at a single frequency. The criteria for 
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FIGURE 11.12 Reflection loss for bending waves, t,.Rs, for a steel bearo plate system 
for two different directions of bending of the beam (a and b). Plate thickness 2 mm, beam 
cross section 10 x 20 mm. (After reference 21.) 

perfect power transmiss10n 1s achieved when both the real and imaginary parts 
of the moment 1mpedances of the beam and plate are equal, which reqmres that 

where B P = bending stiffness of beam, N m2 

Àb = bending wavelength in beam, m 
Àp = bending wavelength in plate, m 

(11.49) 

(11.50) 

Reduction of Power Transmission between Plates Separated by Thin 
Resilient Layer 

In architectural structures it 1s customary to prov1de a so-called vibrat10n break 
by inserting a thin layer of resilient material between structural elements. The 
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FIGURE 11.13 Attenuation due to an elast:Ic interlayer of 3-cmctlnck cork between 
10-cm-thick slabs of concrete as a fonction of frequency. (After reference 1.) 

geometry of such a vibration break is shown m Fig. 11.13. Often tins constructmn 
serves also as an expansion joint. 

Reflection Loss for Compression Waves. The reflection loss 1s given by1 

(11.51) 

where Z 1 impedance of solid structure for compress10nal waves, N s/m 
s; stiffuess of resilient layer in compression, N/m 

Above a certain frequency (cv = 2s;/Z 1) the D.RL-versus-frequency curve 
increases with a 20-dB/decade slope with increasmg frequency. Below tins 
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frequency the resilient layer transmits the incident wave almost entirely. As an 
example, 1 the D.RL-versus-frequency curve for a 3-cm-thicklayer of cork inserted 
between two 10-cm-thick concrete slabs (or columns) is shown in Fig. 11.13. 

To achieve a high refiection loss, the resilient layer must be as soft as is 
permitted by the load-bearing requirements (sdw « Z1). However, the stiffness 
of the layer cannot be reduced indefimtely by increasing the tlnckness. For fre­
quenc1es where the thièkness of the layer is comparable with the wavelength of 
compressional waves in the resilient material, the layer can no longer be consid­
ered as a simple spring characterized by its stiffuess alone. The refiection loss in 
tins frequency region is given by1 

[ 
1 ( z Z, )

2 
• ] ~RL = lOlog cos2 k;l + 

4 
Z, + z sin

2 k,l dB (11.52) 

where k; = wavenumber for compressional waves in resilient material, m- 1 

Z = impedance of equivalent infimte structure for compression waves, 
Z3, N s/m 

Z, impedance of eqmvalent infinite (length) resilient material for 
compression waves, N s/m 

l length of resilient layer, m 

The impedances Z, Z, and the wavenmnber k; are assumed real; thus Eq. (11.52) 
does not account for wave damping in the resilient material. As expected, 
ôRL = 0 for = Z. The maximum of ~RL is reached when k;l = (2n + 
l)(½rr); here the reflection loss becomes 

z2+z2 
~RL,max = 20 log ~zz, for l = ½(2n + l)À, (11.53) 

For k;l = mr(l ½nÀ.;), the denormnator of Eq. (11.51) becomes umty mde-
pendent of the magnitude Z, y1elding 

~RL,rrun O for l 

Finally for k;l «land Z, « Eq. (11.52) simplifies tb Eq. (11.51). 

Ref/ection Lass for Bending Waves. The geometry m Fig. 11.13 suggests 
that for bending waves of perpendicular incidence the moments and forces actmg 
on both s1des of the Junction must be equal. However, the transverse velocity 
and angular velocity on both sides of the junction are different because of shear 
and compress1onal deformatlon of the resilient layer. The elastic layer behaves 
qmte differently for bending waves than 1t does for compress1onal waves. 1 The 
most strikmg difference 1s the complete transmission of the incident bending 
wave at. a certain frequency and a complete reftection of 1t at another, h1gher 
frequency. Unfortunately, it turns out that the frequency of complete transrmss10n 
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for architectural structures of interest usually occurs in the audio frequency range. 
As an example, Fig. 11.13 shows the reflection factor for bending waves as 
a fonction of frequency for a layer of 3-cm-thick cork between 10-cm-thick 
concrete slabs. The transm1ss10n IS complete at a frequency of 170 Hz and then 
decreases with increasing frequency. The reflection loss for bending waves can 
be approximated by1 

[ 
1 ( E 2~3izh2)

2

] AR 8 ~ lülog 1+ 4 1- ,,_ 

where E Young's modulus of structural matenal 
= Young's modulus of elastic matertal 

l length of elastic layer, m 
h = thickness of structure, m 

ÀB = wavelength of bending waves in structure, m 

dB (11.54) 

The bending wavelength in the structure for which the elastic layer provides 
a complete transmission of bending waves 1s given by 

ÀB,trans (11.55) 

If one w1shes to reduce the frequency of complete transnussion, the ratio 
E / E, and the length of the resilient layer must be large. However, the length of 
the resilient matertal should always be small compared with the wavelength of 
bending waves m the elastic layer to avoid resonances. 

A complete reflection of the incident bending wave occurs when the bending 
wavelength in the plate equals TC times the plate thickness, ÀBs = cb/ f, TC h. 
Consequently, the frequency where complete refiection occurs 1s tndependent of 
the dynamic properties and the length of the elastic layer and 1s g1ven by the 
thickness and the dynamic properties of the plate or beam. 

11.6 SOUND RADIATION 

The sound radiation of small ng1d bodies 1s treated m Chapter 10. This section 
deals exclus1vely with the sound radiation of thin flexible plates excited to vibra­
tion by pomt forces or by sound fields. Sound radiation of small rigid bodies is 
treated in Chapter 10. 

Vibration of rig1d and elastic structures forces the surrounding fluid or gas 
particles at the mterface to oscillate with the same velocity as the vibrating 
structure and thus causes sound. The sound waves propagate in the fonn of 
compress10nal waves that travel with the speed of sound in the surrounding 
medium. 
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lnfinite Rigid Piston 

Conceptually the simplest sound-radiating structure 1s an infimte plane rtg1d pis­
ton. The motion of the piston forces the fluid parades to move along parallel 
lines that are perpendicular to the plane of the piston. There is no divergence 
that could lead to mertial reaction forces, such as those that can occur along 
the edges of a fimte piston where the fluid can move to the side. Consequently, 
the reaction force per unit area (i.e., the sound pressure) 1s folly attributable to 
compress10n effects. This 1s the same situation as if the piston would be placed 
in a tube of rigid walls, as discussed already m Chapter 10. If the piston vibrates 
with veloc1ty v cos wt, 1t generates a plane sound wave traveling perpendicular 
to the plane of the piston. The sound pressure as a fonction of distance is 

p(x, t) = VPoCo cos(cvt - kox) N/m2 (11.56) 

and the radiated sound power per umt area is 

(11.57) 

where p0 and c0 are the density and speed of sound of the medium, w = 2TC f is 
the radian frequency, ko = w / co 2n / Ào 1s the wavenumber, Ào = co/ f is the 
wavelength of the radiated sound. and (v2)t is the time-averaged mean-square 
velocity (i.e., v vrms), 

lnfinite Thin Plate in Bending 

If a plane bending wave of veloc1ty amplitude v ./2,v and bending wave speed 
c8 travels on a thin plate in the positive x direction, the sound pressure as a 
fonction of x and perpendicular distance z is given by1 

(11.58) 

where ks = 2rrf /cs 2TC/À8 and k0 = 2TCf/co = 2TC/Ào are the bending wave­
number in the plate and the wavenumber m the air, respectively. lnspecting 
Eq. (11.58), one finds that for c8 (c0 (ks/ko)I) the sound pressure 1s 90° out of 
phase with the velocity at the interface so that no sound power is radiated by the 
plate. The sound pressure constitutes a near field that decays exponentially with 
increasing z. For cB > co, kB/ko < 1, Eq. (11.58) has the form 

N/m2 (11.59) 
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where the pressure and velocity are m phase at the mterface (z = 0) and the 
sound power radiated by a unit area of the plate 1s / 

W!m.2 for Às > Ào 

for ÀB < À.o 

(11.60) 

which, with increasing frequency (Ào/Às « 1), approaches that of an mfinite 
rigid piston as given in Eq. (11.57). 

Radiation Efficiency 

It 1s customary to define the radiat10n efficiency of a vibratmg body as 

Wract 
CYract= ----

(v'f,)pocoS 
(11.61) 

where (v~) is the normal component of the space-time average mean-square 
vibration velocity of the radiatmg surface of area S and Wract 1s the radiated 
sound power. With this defimtion, Eqs. (11.57) and (11.60) yield for the piston 

for.,m:(lnite ngid piston 
for À B < lo for mfimte plate in bending 
for À B > Ào for infinite plate in bending 
for pulsating sphere 

(11.62) 
It is important to know that the radiation effic1ency depends not only on the size 
and shape of the radiating body as compared with the wavelength but also on the 
manner the body 1s vibrating. If a sphere vibrates back and forth 1nstead of pul­
satmg, then the net volume displacement is zero and the radiation efficiency is22 

O'ract 
(koa)4 

4 + (koa)4 (11.63) 

Comparing Eqs. (11.62) and (11.63) reveals that at low frequencies a rigid body 
vibrating in translation radiates much less (approximately ¼Ck0a)2 times) sound 
power than a pulsatmg . body of the same surface area. Radiat10n èfficiencies 
of some typical structural elements are given in Table 11.8 (see references 22 
and 23 for a more extensive collection). Radiation effic1enc1es for oscillating 
three-dimensional bodies of near-unity aspect ratio (such as a sphere or cube) are 
plotted m Fig. 11.14 and those of pipes of circular rods oscillatmg as ngid bodies 
in Fig. 11.15. Note that with increasing frequency, when the distance between 
the ne1ghboring, out-of-phase moving parts of the vibrating body becomes larger 
than the wavelength of the radiated sound (i.e., 2n: a > Ào for oscillating bodies 
and Às > Ào for plates in bending), it becomes more difficult to push the arr 
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FIGURE 11.14 Radiation efficiency of oscillatmg three-dimens10nal bodies. (After 
reference 22.) 
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FIGURE 11.15 Radiation efficiency of oscillatmg ngid pipes and rods of radius a. 
(After reference 22.) 
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rap1dly enough aside then to compress it, and the radiat10n effic1ency approaches 
unity. 

Point-Excited lnfinite Thin Plate 

When a very large homogeneous 1sotrop1c thin plate 1s excited by a pomt force 
of amplitude Fo or by an enforced local velocity of amplitude v0, free bending 
waves with a propagation speed of cs(/) ~ .JI propagate radially from the 
excitation point. At low frequenc1es, where cB < c0, the free bending waves 
radiate no sound. Far from the exc1tat10n pomt, where the wave front approaches 
a straight line, the sound radiation that does occur is due to the in-phase vibration 
of the plate in the vicinity of the excitation pomt. The sound intensity radiation 
pattern has a cos2 q; dependence, where </> is the angle to the normal of the 
plate. The mechanical power mput Win, the radiated sound power Wract, and the 
acoustical-mechanical convers10n efficiency IJam = W rad/ W;n are listed below: 

Point Force Excitation 

J A2 1 
Win= 2F0 ---

2.3pscLh 

Wrad(f < le) = fr24 
4.rrps Co 

Po cL 
IJam(J <le)= 0.37-­

PM Co 

Point Veloc1ty Excitation 

(½v~)2.3pscLh 

2.38co 
• "" Po cL 
0.37-­

PM co 

(11.64) 

(11.65) 

(11.66) 

where Ps PMh is the mass per unit of the plate, PM is the dens1ty and ci the 
speed of longitudinal waves in the plate material, h is the plate thick:ness, and Po 
and co are the density and speed of sound in the surrounding fluid. 

Equations (11.64)-(11.66) contain the following, quite surprismg, informa­
tion: 

1. Win, Wract, and IJam are independent of frequency and plate loss factor. 
2. For point force excitation, the radiated sound power depends only on the 

mass per unit area of the plate (Wract ~ 1/ p;) and not on stiffness. 
3. For point velocity excitation, the radiated sound power depends only on 

stiffness (Wract ~ cih 2
) and not on the plate material density. 

4. The acoustical-mechanical conversion efficiency is the same for pomt force 
or point veloc1ty excitation, and 1t is independent of plate thick:ness h and 
is a material constant [11am ~ (cLf p,11)(Po/co)]. 

For noise control engineers, observations 2 and 3, embodied in Eq. (11.65), 
are very important. To minilnize sound radiation from highly damped, pomt­
excited, thin, platelike structures, the plate should have large mass per umt area 
for force excitation (e.g., by a low-impedance vibrat10n source) and low stiff­
ness (low E/ PM) for velocity excitation (by a high-1mpedance vibration source). 
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Equation (11.66) supplies the rationale for violin makers, who want to convert 
as large a portion of the mechanical power of the vibrating string as possible into 
radiated sound, to use wood (11am = 0.024) and not steel (IJam = 0.0023) or lead 
(rJam = 0.0004) for the body of the violin. 

Note also that the radiated sound power g1ven m Eq. (11.65) usually represents 
the mmimum achievable for a finite-size plate since it accounts only for the sound 
radiated from the v1cimty of the excitation point. 

Point-Excited Finite Plates 

For fimte-size plates, the sound power radiated has two components. The first 
component 1S radiated from the vicmity of the excitation point given m Eq. (11.65). 
The second component is radiated by the free bending waves as they mteract 
with plate edges and discontinuities. The contribution of these two components to 
total radiated noise is represented by the first and second terms in Eqs. (11.67a) 
and (11.67b ), where the first equation is valid for point force and the second for 
pomt veloc1ty excitation: 

wF ~ fr2 [__!3f}___ + PoCoŒract ] W 
rad - 4.rrp;co 4.6p}cih{J)l]c 

(11.67a) 

v ~ ~2 rpocih
2 

(cih) ] W rad = v -,.,-,- + 1.15 - PoCoŒract 
'- 2 . .::,8co WIJc 

w (11.67b) 

where T/c 1s the composite loss factor and Œract is the radiation efficiency of the 
plate for free bending waves. The second term m Eqs. (11.67) has been denved 
by the power balance (see Section 11.3) of the finite plate, assummg that the 
mechamcal power mput to the finite plate can be well approximated by the 
power mput to the equivalent mfinite plate. 

Equations (11.67a) and ( 11.67b) can be used to assess the useful upper limit of 
the composite loss factor (T/':""') which, if exceeded, results only in added expense 
but no meaningful reduction of the radiated noise. This is done by equating the 
first and second terms in the square brackets and solvmg for IJc· 

11.7 SOUND EXCITATION AND SOUND TRANSMISSION 

The sound transfillssion process has the followmg three components: (1) descnp­
tion of the sound field at the source side, (2) prediction of the vibration response, 
and (3) sound radiation from the receiver s1de of the partition mto the receiver 
room. Item 1 is treated m Chapter 7. Items 2 and 3 will be treated in this section. 
Regarding the appropnate way of analysis, partitions can be classified as either 
small or large compared with the acoustical wavelength. 

Sound Transmission of Small Partitions 

In the following analyses we define a partition small if its dimensions are small 
compared w1th the acoustical wavelength. Consequently, if the frequency 1s suf­
ficiently low, even partitions of large size are considered "acoustically small." 
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The subject of sound transnnssion of acoustically small plates has been mostly 
ignored or treated only qualitatively m books on noise control engineermg. The 
reason for th1s 1s that the traditional definitlon of sound transmission loss, which 
1s based on the ratio of the mc1dent and transnntted sound power. does not 
make sense m this low-frequency region where the sound power radiated mto 
the receiver room is independent of the of incidence of the sound strikmg 
the source side of the partition. In this low-frequency region the partition will 
radiate the same sound power for grazing incidence (sound wave on the source 
side·propagates parallel to the partition) than it does at normal ïncidence (where 
it propagates perpendicular to the plane of the partition). 

It is mstructlve to start the investigation of sound transmission w1th a small, 
smgle, homogeneous, isotropie plate that 1s flash mounted m the test section 
between two reverberation rooms, as shown schematically in Fig. 11.16. 

Let our investigation start at very low frequencies and proceed by gradually 
increasmg the f.requency of the incident sound. We will investigate the followmg 
cases: 

1. The s1ze of the panel, L, 1s small compared with the acoustical wavelength 
À and the frequency of the incident sound wave, f, is small compared w1th 
the frequency of the first mechanical resonance of the plate, f MI: 

and f « .fo/ll 

".I 
2. The s1ze of the panel, L, 1s small compared w1th the acoustical wavelength 

À and the frequency of the incident sound wave, f, matches the frequency 
of the first mechanical resonance of the plate, fMI· 

L « À and f l,w1 

3. The size of the panel, L, is small compared w1th the acoustical wavelength 
À and the frequency of the incident sound wave, f, 1s much larger than the 
frequency of the first mechanical resonance of the plate, !MI· 

FIGURE 11.16 
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Sound Translillss10n of a small homogeneous isotropie partition. 
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Case 1 (L « )" and f « fm). If the size of the partition is much Sll}aller than 
the acoustical wavelength, the sound pressure, even at grazing incidence (i.e, the 
sound wave propagates parallel to the plate), is nearly constant across the source 
s1de of the plate. At any other angle of incidence, the sound pressure is even more 
evenly distributed across the plate than at grazmg. At normal mc1dence, where the 
sound wave propagates perpendicular to the plane of the plate, the sound pressure 
1s absolutely evenly distributed over the surface of the plate independent of the 
wavelength (for normal incidence the trace wavelength 1s infirutely large at all 
frequenc1es). In the case 1 frequency range the sound transmission of the plate 
is controlled by 1ts volume compliance Cv defined as 

(11.68) 

where Cv volume compliance of plate, m5/N 
p ~ sound pressure on source side of plate, N/m2 

As long as the dimensions of the plate are small compared wlth the acoustical 
wavelength, Ps = 2Pinc, where Pmc is the amplitude of the incident sound wave. 

Cons1denng now that the volume velocity q = d L1 V/ dt jwCvPs and using 
Eq. (10.49) from Chapter 10 the formula for the radiated sound power yields 

2 ( ) ( k2) a.i4C~(Po/co) 2 N mis 
Wrad q PoCo 2:rr = 2:rr Ps (11.69) 

where Po = density of gas. kg/m3 

co speed of sound m gas, mis. 

Cons1denng that our small plate radiates omnidirectionally mto a half space, 
the sound pressure as a function of distance is 

Ps ( 2 ) p(r) = - w CvPo 
2:rrr 

N/m2 (11.70) 

where r is the radial distance m meters from the center of the panel. 
Formulas to predict the volume compliance Cv and resonance frequency !MI 

for rectangular plates w1th srmply supported and clamped edges are given in 
Chapter 12. Panels found in practical applications have a Cu that is larger than 
predicted for clamped edges and smaller than that predicted for srmply sup­
ported edges. Also the resonance frequency of practical panels falls between 
those resonance frequencies predicted for clamped and simply supported 

Case 2 (L « À and f;:,;; fM 1). At the first resonance frequency of the panel, 
/Ml, the mass part of the panel impedance (which increases with increasmg f.re­
quency) becomes equal in magnitude but opposite in phase to the stiffness part of 
the panel impedance, which 1s decreasmg with increasmg frequency. At and in the 
v1cinity of the resonance frequency even a small sound pressure on the source s1de 
can cause a large volume velocity and the panel motion is limited only by energy 
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dissipation in the panel and by 1ts radiatrnn res1stance. In the v1cmity of J,m the 
sound power radiated by the receiver s1de of the panel reaches a maximum. The 
dissipative losses in the panel cannot be predicted analytically. Consequently, the 
sound transm1ss10n cannot be predicted w1th satisfactory accuracy. In des1guing 
enclosures for equipment with a high-intens1ty tonal component at low frequen­
cies the panels or subpanels should be chosen that theîr first resonance frequency 
should be substantially hlgher than the frequency of the low-frequency tonal 
component of the enclosed equipment. The first resonance frequency of platelike 
elements can be increased by curvmg them m two perpendicular directions to 
gam form stiffness. 

Case 3 (L « À and f » fM1). Above the first mechanrcal resonance fre­
quency the veloclty of the plate is controlled by the mass per unit area Ps = PMh 
PM = dens1ty of plate matenal, kg/m3 

h = plate thickness, m 

The volume veloc1ty of the plate m this frequency region can be approx1mated 
by 

the radiated sound power by 

s 
q R-J Ps _ 

JCùPs 
m3/s 

N mis 

and the sound pressure at a distance r by 

alp 2S 
p(r) ~ Ps-- 0

- N/m2 

2nr 

where Sis surface area (one s1de) of the plate in square meters. 

(11.71) 

(11.72) 

(11.73) 

More accurate prediction of the transmitted sound power can be obtained by 
determining the response of each of the volume-displacmg modes of the plate 
responding to the spatially uniform sound pressure on the source side of the plate 
and determining the net volume velocity as the sum total of the volume velocities 
of all modes, as done in Chapter 6. 

If the spatial distribution of the plate vibration v (x, y) is known, the sound 
pressure in the receiver-side half space p(x. y, z, ru) can be computed as1 

p(x, y, z. w) = -- v(x, y, w) jwpof 
2n r 

dS Nlm2 (11.74) 

where r 1s the distance between the small surface element of the plate and the 
observation point Equation (11.74) is valid only for a fiat plate flash mounted 
in an mfinite, fiat, hard wall. 

In the low-frequency region, where the plate dimensions are small compared 
with the acoustical wavelength (✓S « Je), the transm1tted sound power depends 
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only on the sound pressure on the source side of the plate Ps and does not depend 
on the angle of mc1dence or the sound power incident on the source s1de of the 
plate, W înc. Consequently, the traditional defimtion of the sound transID1ssion loss 
given in Eqs. (11.79) and (11.80) makes no sense m thls frequency region. 

Sound Transmission of Large Partitions 

This section deals with the sound transmission Joss of acoustically large partit10ns, 
where it is meauingful to charactenze the excitation by the sound power incident 
on the source side of the partit10n and define the transmission coefficient r and 
the sound transmission loss Ras g1ven m Eqs. (11.75) and (11.76), respectively. 

The most common problem that noise control engineers have to deal with 
is the transID1ss1on of sound through solid partitions such as windows, walls, 
and floor slabs. The problem may be either prediction or design. The prediction 
problem is typ1cally this: Given a noise source, a propagation path up to the 
partition, and the size and construction of the partition and the room acoustics 
parameters of the receiver room, predict the noise level in the receiver room. 
The design problem is typ1cally stated as: Given a source, a propagation path, 
the room acoustics parameters of the receiver room, and a n01se criterion (in the 
form of octave-band sound pressure levels), determine the construction of those 
partitions that would assure that the noise criteria are met with a sufficient margin 
of safety. 

The transnuss1on coefficient r and sound transiuission loss R, which charac­
tenze sound transiuission through partitions, are defined as 

lOlog WincÜP, w) dB 
W1rruis(</>. w) 

(11.75) 

(11.76) 

where Wmc(</>, w) is the sound power incident at angle</> at frequency w = 2nf 
on the source side and W1ran8 (cp, w) is the power transmitted (radiated by the 
receiver side). 

Though knowledge of the sound transmission loss of a window or curtain 
wall for a particular angle of incidence may be desirable sometimes, it 1s a 
more common problem to characterize the transmission of sound between two 
adjacent rooms where the sound 1s mc1dent on the separating partition from all 
angles w1th approximately equal probability. In such "random mc1dent" sound 
fields, the sound intens1ty (energy incident on a unit area) lranctom is ;elated to the 
space-averaged mean-square sound pressure m the source room (p~) as 

W/m2 (11.77) 
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FIGURE 11.17 !:ixper1menta! setup for laboratory measurements of the sound transrms­
text for definition of symbols). 

Laboratory procedures ASTM E90-0224 and ISO 140-1 1997,25 adopted for 
measuring the sound transrmss1on loss of partitrnns, are based on such a diffuse 
sound field obtained by utilizing large reverberation rooms (see Chapter 7) as 
source and recerver rooms. The measurement procedure depicted in Fig. 11.17 
has three steps. The first step is to measure the sound power incident on the 
source-side face of the test partition of area Sw: 

w (11.78) 

by measuring the space-tune average mean-square sound pressure level 
m the source room by spatially sampling the sound field. The second step is to 
measure the transmitted sound power Wtrans from the power balance of the receiver 
room, 

W, _ (p;ec}A, 
trans - 4poco w (11.79) 

yielding the laboratory sound transrmssion loss 

(11.80) 

where A, is the total absorption m the rece1ving room. The third step 1s to 
deterrmne Ar from the known volume and the measured reverberation time T60 
of the rece1ver room, as described m Chapter 7. 

Once R1ab has been rneasured, 1t can be used for predicting the mean-square 
sound pressure in a part1cular receiver room acoust1cally characterized by its total 
absorption Ar through a partition of surface area Sw for an mc1dent sound field 
of mtensity Imc as 

'flincSw(4poco) _ 'fSw < P;ource 
A, - Ar (11.81a) 

SOUND EXCITATION AND SOUND TRANSMISSION 427 

Sw 
R1ab + 10 log - dB 

Ar 
(11.81b) 

provided that the partition is not much srnaller than tested and that conditions 
are not much different. Curves of measured random-incidence sound transmission 
loss versus frequency for standard windows, doors, and walls are available from 
manufacturers and should be used in design and prediction work. Measured sound 
transmission losses of some selected partitions are given by Bies and Hansen m 
their Table 8.1 (see the Bibliography). 

The purpose of the discussion that follows is to 1dentify the phys1cal processes 
and the key parameters that control sound transrmss1on through partitions and to 
provide analytical methods that further the developrnent of an informed JUdg­
ment needed for workmg w1th data obtained m laboratory. rneasurements. Most 
irnportantly, however, th1s will focus on predicting sound transID1ss1on loss for 
s1tuat10ns that are different from those employed in the standardized laboratory 
measurements (i.e., for near-grazing incidence) and for the task of des1gnmg 
nonstandard partitions for umque applications. 

Excitation of structures by an mc1dent sound wave is s1gnificantly different 
from excitat10n by localized forces, moments, enforced velocities, or angular 
velocities. As discussed in the prev1ous sections, the response of thin, platelike 
structures to localized excitation results in radially spreading free bending waves. 
The propagation speed of these waves, cB(f), is as unique a characteristlc of 
the plate as lS the period of a pendulum. The thmner the plate and the lower the 
frequency, the lower 1s the propagation speed. 

If the structure is excited by an incident sound wave, forcing occurs simulta0 

neously over the entire exposed surface of the plate. The incident sound enforces 
its. spatial pattern on the plate, causing it to mstantaneously conform to its trace. 
The trace "runs" along the plate wtth a speed that approaches the speed of sound 
in the source-s1de media when the sound runs nearly parallel to the plate (graz­
mg mcidence) and approaches infinity as the sound mcidence approaches normal. 
This "sound-forced" response of the thin plate to sound excitation 1s referred to 
as the "forced wave." In contrast to the free bending waves, the speed of the 
forced bending wave is mdependent of frequency, plate thickness, and mass per 
unit area (though the amplitude of the response depends on them). Because of 
their supersonic speed, forced waves radiate sound very e:ffic1ently at all fre­
quenc1es (e.g., their radiation efficiency Œp ?.: 1), except for panels that are small 
compared with the acoustical wavelength. 

Transmission of Normal~lncidence Plane Sound Waves through 
an lnfinite Plate 

It 1s advisable to mtroduce the complex process of sound transmission by con­
s1denng first the least complicated case when a plane sound wave is norrnally 
incident on a uniform homogeneous, isotropie, fiat plate of thickness h, as shown 
in Fig. 11.18. Because the pressure exerted on the plate is in phase over the 
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Z02 

R2 = Zo2·Zm 
Zo2+Zm 

FIG{JRE 11.18 Transmiss10n of a normally incident sound wave through a fiat, homoge­
neous, isotropie plate. The transfilltted pressure Pr is the sum of all the infirute components 
on the right. (See text for definition of symbols.) 

entire sutface of the plate, only compressional waves are excited. The sound 
wave of pressure amplitude P+ propagates in agas of characteristic plane-wave 
impedance Zo1 Po1co1-It encounters the solid plate of characteristic impedance 
ZM = pcL and on the transmittmg s1de (right) will radiate sound into another 
gas of characteristic impedance Z02 Po2Coz. The multiple reflection and trans­
mission phenomena at the interfaces are govemed by Eqs. (11.32) and (11.33). 
The amplitude of the transmitted sound pressure PT in the receiver-side media 
is obtained by the summation of the transmitted components, as illustrated in 
Fig. 11.18, yielding26 

N/m2 (11.82) 

where Ro, R1, and R2 are the reflection factors at the interfaces and directions 
mdicated in Fig. 11.18 and h is the plate thickness. Propagation losses can be 
taken into account by a complex wavenumber k:r, km(l + ½Jr,), where km 
w/cL is the wavenumber of compressional waves in the plate and 1J is the loss 
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factor. The normal-incidence sound transmission loss 1s defined as 

Winc l P'.;_ dB RN= lOiog = 10 og2 
Wract Pr 

(11.83a) 

Assuming that the same gas is on both sides of the plate, Eq. (11.82) y1elds 

RN= lûlog [cos
2 k1,,,h + 0.25 (:: + Zo) 

2 

sin
2 

k1,,,h] dB 

which for ik',,,h 1 « 1 yields the simple express10n 

(11.83b) 

(11.83c) 

known as the normal-mcidence mass law. In Eq. (11.83c), Ps ph 1s the mass 
per umt area of the plate and p0c0 Zo is the charactenstic impedance of· the 
gas, assumed the same on both sides. 

Figure 11.19 shows the computed normal-mcidence sound transmission loss 
of a 0.6-m- (2-ft-) truck dense concrete wall. At low frequencies where the plate 
thick:ness 1s less than one-sixth of the compressional wavelength (f < cLf6h) the 
sound transmission loss follows the normal-incidence mass law of Eq. (11.83c), 
mcreasing by approximately 6 dB for each doubling of the frequency or the mass 
per umt area. At lngh frequencies compressional wave resonances in the plate 
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FIGURE 11.19 Normal-incidence sound transrmss1on loss Ro of a 0.6-m-thick dense 
concrete wall computed according to Eq. (11.83b) assummg 1/ = O. 
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occur and the Rwversus-frequency curve exhibit strong minima at fn = ncL/2h, 
y1elding 

( 
rr Zm ) R'fJ"n = 20 log 1 + 4 Zo rin dB (11.84a) 

,,and the maximal acbievable sound transID1ssion loss can be apprmurnated as 

z 
RNax ~ 20 log m dB 

2Zo 
(11.84b) 

Equation (11.84a) mdicates complete transmission of the incident sound (R'fy-n = 
0 dB) at compressmnal wave resonances if ri O. However, Eq. (11.84a) indi­
cates that even a small loss factor of r, = 0.001 ensures that the normal-mc1dence 
transmission loss of a concrete partition does not dip below 24 dB at compres­
sional wave resonances. Note, however, that no such dips are observed for random 
mcidence because different mcident angles correspond to different frequencies 
where such dips occur. As indicated in Eq. (11.84b ), the maximum achievable 
normal-incidence sound transmission loss ofhomogeneous, isotropie single plates 
of any thickness 1s liffilted by the ratio of the charactenstic impedances and is 
80 dB for dense concrete, 94 dB for steel, and 68 dB for wood. 

Transmission of Oblique-lncidenc~ Plane Sound Waves through 
an lnfinite Plate "' 

The transnussion of oblique-incidence sound through mfimte plane plates can be 
formulated either m terms of shear and cornpressional waves, where the bending 
of the plate is considered as a superposition of these two wave types, or by 
utilizing the bending-wave equation of the plate. Both formulations are discussed 
below. 

Combined Compressions/ and Shear Wave Formulation. The combined 
shear and compression wave formulation, which is valid also for thick plates, has 
been treated in Chapter 9 of the 1992 edition. It is too mvolved to present it here. 
The interested reader is referred to references 27 and 28 or to pages 248-288 of 
the 1992 edition of this book. 

Separation lmpedance Formulation. Sound transrmssion through plates can 
be converuently characterized by the separation impedance Z, defined asL26 

Zs = Ps - Prec N s/m3 
1.ln 

(11.85) 

where Ps is the complex amplitude of the sound pressure at the source-s1de face 
of the plate representing the sum of the incident and refiected pressures (Ps = 
Pmc + Prell), Prec is the cornplex amplitude of sound pressure on the receiver-side 
face, and 1.ln is the complex. amplitude of normal velocity of the rece1ver-side face 
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of the plate. In the case of single panels, 1t is generally assumed that both faces 
of the panel vibrate in phase with the same veloc1ty. The sound transmission 
coefficient of the plate r and its sound trans1Illssion loss R are given by1

•
26 

r(ef;) = ltrans 
lmc l 

l + Zs cos 1> 1

1

2 

2poco 

1 
R((j)) = lOlog r(ef;) 1010 1 + s 

(\ 
z ·1

2

) 
g 2poco/ cos 1> 1 

dB 

where 4> 1s the angle of sound incidence (1> = 0 for normal incidence). 

(11.86) 

(11.87) 

The formulation of the sound translllssion in terms of the separation impedance 
of Eq. (11.87) lends itself exceptionally well to predicting the sound transmission 
loss of multilayer partit10ns where the constituent layers may be thin plates sep­
arated by air spaces with and without porous sound-absorbmg material (such as 
double and triple walls), windows, and so on. The reason for this 1s that the sep­
aration impedance of such multilayer partitions can be expeditiously obtamed by 
appropriately combining the separation impedances of the constituent layers. 

The separation 1mpedance for a thick isotropie plate is obtained by solving 
the bending-wave equation of the plate as formulated by Mindlin29

• 

(
v2 _ PM ~) (B v2 

G 8f2 

( 
B Pwth

2 a2
) 1- + -·--

2 
l:,.p (x, y, 0) 

Gh 12G fü 
(11.88) 

where t:..p(x, y, 0) is the pressure differential across the plate, l;(x, y) is the 
plate displacement in the z direction normal to the plate surface, V2 = a2 /Bx 2 + 
çp /ay2 is the Laplacian operator, PM is the dens1ty, G is the shear modulus, 
B 1s the bending stiffness, and h is the thickness of the panel. The solution of 
Eq. (11.88) for a plane sound wave of mcidence angle </1 yields30 

J {[pMh + (PMh3 /12 + PMB/G)(ui/c~) sm2 q'>]w 
-[(B/cci) sm4 </1 + p'IJh3 /(12G)]w 3

} 
=-----=--:_:_.::..:..___..:......_..c:.:... ____ _.:.c__ __ 

1 + Bw2 sin2 ef;/(Gc~h) - PMh2 w2 /(12G) 

Equation (11.89) can be approximated by 

Z ~ Z + + N -s/m3 
( 

1 1 )-l 
s =. m ZB Zsh 

N • s/m3 (11.89) 

(11.90) 

where Zm = jwpMh is the mass 1mpedance of the plate per umt area and ZB = 
-;Bw 3 sin4 q'>/cci and Zsn = -jGhwsm 2 <f>/c~ are the bending-wave and shear 
wave impedances of the plate per unit area. 
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ff IZshl « [Zsl, the plate responds predominantly in shear and Zs ~ Zm + 
Zsh· In this case, Eq. (11.89) yields 

lOlogll + JWPMh[l -(c./co)2sm
2

<t>I dB 
2poco/ cos 4> 

(11.91) 

Equation (11.91) indicates that trace coincidence between the mcident sound 
wave and the free shear waves in the plate (which would lead to complete 
transmission) can be av01ded at ail mc1dent angles prov1ded that the panel 1s 
specifically designed to yield a low shear wave speed such that c; :::: G / p < 
cJ = PoK/ Po-Unfortunately, this des1rable condition cannot be met w1th homo­
geneous plates made of any construction-grade matenal. As we will discuss later, 
however, It is possible to satisfy the c8 < co cntenon with spec1ally designed31 

inhomogeneous sandwich panels without compromising the static strength of the 
panel and thereby preserving the mass law behavior described by 

~ ( P2 wcos</J) Rsn(</>) = Rrru,.ss(</>) = 20log 1 + ---
2Poco 

dB (l l.92) 

which is representative of a limp panel of the same mass per umt area Ps = PMh 
as the shear panel. 

Thin homogeneous panels are easiei: to bend than to shear so that Z 8 « Zsh· 
lt follows that Zs ~ Zm + Z B and Eqs. (1~ .87) and (11.89) yield 

R(</>) = lOlog-1- = lOlog 1 + }Psw[l (f/lc) sm </>] 

1 

2 C 4 12 

-r(</J) 2poco/cos<p 1 
dB (11.93) 

where le 1s the critical frequency where the speed of the free bending waves m 
the plate, csUc), equals the speed of sound m the media. It is given by 

where Ps = mass per unit are, PMh kg/m2 

h plate th1ckness, m 
B bending stiffness of plate, Eh3/[12(1 

(11.94) 

N m 

Consequently, the product lcPs is a constant for a specific plate material and 
liquid (usually air). It is given by 

(11.95) 

This product 1s listed m Table 11.2 for air as a surrounding medium. It is used 
to detenrune le as le Ps lei le• 
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The coinc1dence frequency in air of homogeneous isotropie plates eau be 
easily detemnned by cutting a narrow strip of length l m meters, supporting 
the two ends of the strip on a knife edge (to simulate simple supported edge 
conditions), and measuring the sag d in millimeters at the midpomt of the strip. 
The coincidence frequency is computed as 

z /d/mm t le = 1.65(10 \ 1 -- Hz(s)-
V l/m 

(11.96) 

Equation (11.93) indicates that above the criticai frequency le given in Eq. (11.94 ), 
trace comcidence between the incident sound wave and the free bending waves in 
the plate occurs when l = lei sin2 1> (wh1ch is called the coincidence frequency) 
and would result in complete transmission if the plate had no internai damping. 

It 1s customary to account for internai damping in Eq. (11.88) by introducing a 
complex Young's modulus E' = E(l + JTJ) that results in complex wavenumbers 
k~ kc(l + ½}TJ) and k; = ks(l + ½}TJ) and y1elds the following modified form 
of the sound transmiss10n loss: 

R(</>) 
1 

lOlog~­
r(ef>) 

lOlog {Il+ PsW 
2Poco/ cos</> 

Equatrnn (11.97) indicates that m the vicimty of f = lei sm2 </J the curves of 
sound transmission loss versus frequency exhiblt a minimum that is controlled 
by the dampmg. 

Figure 11.20 shows the curve of sound transmission loss versus frequency for a 
4.7-mm-(-h-in.-) thick glass plate for normal (</J = 0°), </J = 45°, and near-grazmg 
(</J = 85°) angles of incidence computed according to Eq. (11.97). Figure 11.20 
illustrates the decrease in sound transmission loss that occurs with mcreasing 
angle of mcidence (owing to the cosq,, term) and the trace-matching dip that 
occurs at l = lei sin2 </>. 

Transmission of Random-lncidence (Diffuse) Sound through 
an lnfinite Plate 

A plane wave impmging on the plate at one particular angle is not a typical 
problem. The sound field in a room is better modeled as a diffuse sound field, 
whlch is an ensemble of plane sound waves of the same average mtens1ty trav­
eling with equal probability in all directions. A region of unit area on the plate 
will be exposed, at any instant, to plane sound waves incident from all areas on 
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FIGURE 11.20 Computed TL-versus-frequency curve of a 3.7-mm-( i\,-in.-) tlllck mfi­
mte glass plate for vanous angles of incidenC!): (■) normal (</> = 0°); ( ♦) <f> = 45°; (►) 
<f> = 85°, (□) random. 

a hemisphere whose center 1s the area on the plate. These waves are uncorrelated 
and have equal intensity. The sound intensity incident on the unit area of the plate 
from any particular angle will be the intensity of the plane wave at angle Iînc 
rnultiplied by the cosme of the angle of incidence. The total transrmtted intensity 
is then 

Irrans = l r(</J)hucCOS0dO W/m2 (11.98) 

The mtegration is over a hemisphere of solid angle Q, where dO = sin</> d</> d0. 
Because Iinc is the same for all plane waves and r 1s mdependent of the polar 
angle 0, an average transmission coefficient may be defined by 

_ f/ 1
im r(ef;,) cos </J sm </> d<j) 

r = Jo"'1im cos ef> sm </J def> 
(11.99) 

where <Pfun is the lirmting angle of incidence of the sound field. For randorn 
mcidence, <Pllin is taken as ½ n, or 90° The sound transmission coefficient r ( <t>) 
is that g1ven in Eq. (11.97), and the random-mc1dence sound transmission loss 
is given by 

1 
Rranctom = 10 log _ dB 

r (11.lOOa) 
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At low frequenc1es (J « fc) the random-incidence sound transnuss10n loss (for 
TLN > 15 dB) is found by averaging the argument of Eq. (11.97) over a range 
of rp from 0° to 90° to y1eld32:~3 

Rranoom ;,; Ro - 10 log(0.23Ro) dB (11.100b) 

which is commonly referred to as the random-incidence mass Jaw. 
It has become common practice to use the field-incidence mass law, wh1ch is 

defined (for R0 ~15 dB) as34 

Rfield ~ Ro 5 dB (11.101) 

This result, which y1elds better agreement with measured data than (11. lOOb ), 
approx:imates a diffuse incident sound field w1th a limiting angle <Plim of about 
78° lil Eq. (11.99).34 

The mass law transrmssion losses Ro, Rfield, and R,anctom, valid for frequenc1es 
well below coincidence, are plotted versus f Ps in Fig. 11.21. 

Field-Incidence Sound Transmission for Thin Isotropie Plates, 
Rfiald• Equations (11.98) and (11.99) must be solved by nurnencal integration. 

100 
6 8 I 
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68 23468 23466 234-68 23468 
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fps = frequency X surface weight, Hz X lb/ft 2 

:FIGURE 11.21 Theoretical sound trans1mss1on loss of large panels for frequencies well 
below coïncidence (f ::,0.5 fc). Field incidence assumes a sound field that allows ail angles 
of mcidences up to 78° from normal. 
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The results of such an integrat10n of the transmission coefficient between the 
angles 0° and 78° and application of Eq. (11.l00a) to give the field-incidence 
transmission loss are presented m Fig. 11.22 for all values off l fc- The ordinate 
is the difference between the field-incidence transmission loss Rfield and the 
normal-mcidence mass law transmission loss at the critical frequency Ro(fc). 
The latter is easily determined from Eq. (11.83c) or from Fig. 11.21 when the 
mass per unit area and the crttical frequency of the panel are known. Note that 
predicted transmission losses of less than about 15 dB for f « fc or less than 
25 dB for f :::::: fc from Fig. 11.22 are not accurate. 

Example 11.2. Calculate the normal-mcidence mass law for an alummum panel 
weighmg 10 lb/ft2 at a frequency of 500 Hz. Also determine the random-mci­
dence and field-incidence mass laws. What is Rfield at 2800 Hz when 7/ = 10- 2? 
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FIGURE 11.22 Field-incidence forced-wave transmission loss. The ordinate is the 
difference between the field-mc1dence transmission loss at the frequency f and the 
normal-incidence transIDission loss at the cntzcal frequency (f l fc = 1). Note that for 
a predicted transmission loss of Iess than 15 dB or for the dashed areas on the figure, 
the transIDission loss depends on both the surface we1ght and the loss factor, and the 
curves provide only a lower bound estimate to the actual transIDission loss. Use of 
curve: (1) determine Psfc from Table 11.2, (2) deteflllllled fc, (3) determine Ro(fc) from 
Fig. 11.21 or Table 11.2, (4) read R1U) - Ro(fc) from Fig. 9.21 at the required 7/, and 
(5) R1(f) [R1U) Ro(fc)] + Ro(fc). Top curve 1s the normal-incidence mass law 
defined in Eq. (11.83c). 
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Solution The normal-mc1dence mass law is g1ven by Eq. (11.83c) and the upper 
curve of Fig. 11.21. We have f Ps = 500 x 10 5000 Hz lb/ft2 From Fig. 
11.21, Ro 45.5 dB. The random-incidence mass law 1s given by Eq. (11.l00b) 
and the lower curve of Fig. 11.21; that is, Rrandom = 35 dB. The field-mcidence 
mass law is given by Eq. (11.101) and the rmddle curve of Fig. 11.21, that is, 
Rfield = 45.5 - 5 40.5 dB. 

From Table 11.2, Psfc = 7000 Hz lb/ft2; f~ 7000110 = 700 Hz and Ro 
(Je) 48 dB from Fig. 11.21. Evaluatmg Fig. 11.22 at flic 28001700=4 
and ri= 0.01, we get RJ(f) Ro(fc) -6 dB, yielding Rr(f) = [Rr(f) -
Ro(fc)] + Ro(f) -6 + 48 42 dB. 

Sound Transmission for Orthotropic Plates. Sound transmission for ortho­
tropic plates differs from that of isotropie plates because orthotropic plates have 
rnarkedly different bending stiffnesses in the different pnncipal directions. The 
difference m bending stiffness for plane plates rnay result from the arnsotropy 
of the plate material (such as for wood caused by grain onentation) or from the 
construction of the plate such as corrugat10ns, ribs, cuts, and so on. Consequently, 
the speed of free bending waves 1s different for these two directions and the 
orthotropic panel has two coincidence frequenc1es given by35 

fc1 c;fis 
2n: Bx 

Hz (11.102a) 

= Çfis 
2n By 

Hz (11.102b) 

where Bx is the bending stiffness for the stiffest direction and By the direc­
tion perpendicular to this. The random-incidence sound transrmssion loss of an 
orthotropic plate is predicted by35 

l0log 5 for f « fc1 

R,andom ~ lOlog [(..f!!!!!._)
2
]- 10log [~ fe1 {J;ï (1n 

4
f )

4
] 

2poco 2rr 7/ f Y k fc1 

for fc1 < f < fez 

(11.103) 
where ri is the loss factor. For corrugated plates, as shown m Fig. 11.23, the 
bending stiffnesses can be approx1mated by 

Eh 3 

B ----c-- N-m 
Y - 12(1 - v2) 

(11.104a) 
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(11.104b) 

where s and s' are defined in Fig. 11.23. Note that the increase m bendin'g 
stiffness caused by corrugations, ribs, and stiffeners always results m a reduction 
of the sound transm1ssion loss, while measures such as partial-depth saw cuts, 
which decrease bending stiffness, result m an increase of the sound transrmssion 
loss of plates. 

Sound Transmission Loss for lnhomogeneous Plates. Sound transnuss10n 
loss for mhomogeneous plates, such as appropnately des1gned sandwich panels, 
can be substant1ally higher than for homogeneous panels of the same mass per 
unit area, provided that such plates favor the propagation of the free shear waves 
(w1th frequency-independent propagation speed) rather than free bending waves 
for which the propagat10n speed increases w1th increasing frequency. However, 
they must be designed such that the shear wave speed remains below the speed 
of sound in air so that no trace coincidence occurs. Consequently, the sound 
transmission loss of such so-called shear wall panels closely approximates the 
field-mcidence mass law. Information for designing such panels is given in refer­
ence 31. However, ordinary sandwich panels are very poor sound barriers because 

30 

R 20 
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FIGURE 11.23 Measured sound transmission loss of steel plates (after Ref. 28): (a) 
plane plate, Ps 8 kg/Jtr; (b) corrugated plate, Ps 11 kg/m2 ; s, distance between cor­
rugations along surface; s', distance along straight line. 
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of therr low mass and high bending stiffness that result m a coincidence frequency 
that usually falls m the middle of the audio frequency range. Dilation resonance, 
which occurs at the frequency where the combmed stiffness impedance of the 
face plate and that of the enclosed air equals the mass 1mpedance of the plate, 
also leads to further deterioration of the sound transID1ss10n loss of sandwich 
panels. 

Sound Transmission through a Finite-Size Panel 

For most architectural applications, where the first resonance frequency of typical 
platelike partitions is well below the frequency range of interest and the plate s1ze 
is much larger than the acoustical wavelength, (11.97) or Fig. 11.22 (wh1ch 
are strictly valid only for infinitely large panels) can be used to predict the sound 
transmission loss of fimte panels. In many industrial applications, the finite size 
of the panel must be ta.ken mto account. 36 

In finite panels the sound-forced bending waves encounter the edges of the 
plate and generate free bending waves, such that the sum of the incident forced 
bending wave and the generated free bending wave satisfies the particular plate 
edge condition (e.g., zero displacement and angular displacement at a clamped 
edge). Consequently, the sound-forced bending waves contmuously feed free 
bending wave energy into the finite panel and build up a reverberant, free bends 
ing wave field. The mean-square vibration velocity of th1s free bending wave 
field, (v~) can be obtamed usmg a power balance for the fimte plate. The power 
introduced mto the fimte plate at the edges equals the power lost by the plate 
owing to viscous losses m the plate matenal, energy flow into connected struc­
tures, and sound radiation. The transmitted sound radiated by the firute panel is 
given by 

(11.105) 

where (vi0 ) is the mean-square velocity of the sound-forced supersonic bending 
waves, O"FQ c:: 1 is the radiation efficiency of the forced waves, S 1s the surface area 
of the panel, and aFR is the radiation efficiency of the free bending waves. Since 
O"fiR « 1 below the cntical frequency of the panel (f « fc), it 1s frequently the 
case that the vibration response of the panel is controlled by the free bending 
waves (i.e., (v~) » (vi0 )) but the sound radiation 1s controlled by the less 
intense but more efficiently radiating forced waves. 

The classical defimtion of sound transm1ss1on loss 1s R 10 log(Wincl W1rans), 
where Winc is the sound power incident at the source side and W1rans is that 
radiated from the receiver side of the panel. If the incident sound is a plane 
wave arriving at an incident angle efJ (ef> = 90° for grazing mcidence), then lt 1s 
assumed that 

o.51faml2 s cos 4> 

Poco 
w (11.106) 
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This assumption leads to the dilemma that at grazing mctdence (</> = 90°) no 
power is mcident on the panel. It is common knowledge that grazing incidence 
sound excites the panel to forced vibrations, and the panel radiates sound into the 
receiver room when the forced bending waves m the panel and the sound wave at 
the rece1ver s1de, which run parallel to the panel, encounter the edges of the finite 
panel. This unresolved conceptual problem has been avoided34 by limiting the 
incident angle range to 78°, in computing the field incidence sound transmissmn 
loss for the mfirute panel according to Eq. (11.101), so as to yield reasonable 
agreement w1th laboratory measurements for panel sizes typ1cally employed in 
such tests. 

Obv10usly, 1t is not the mcident sound power but the mean-square sound pres­
sure on the source side that is forcmg the panel. Since this quantity 1s proportional 
to the sound energy density in the source room Es = (p;) / p0c5, it has been 
suggested37•38 that the sound transmission loss of a finite partition be defined as 

(
Es S) l0log --
ER A 

dB (11.107) 

where ER= 4 W1rans/coA is the energy denslty m the receiver room, S 1s the 
surface area of the panel (one side), and A 1s the total absorption m the receiver 
room. The transnùtted sound power Wmms = ¼c0AER is owing to the velocity 
of the plate. The forced response is dommated by the mass-controlled separation 
impedance Zs '.::::'. }WPs· The sound radîatron of the sound-forced finite plate 1s 

controlled by its radiation 1mpedance Zrad ~ Re{Zrad} = p0c0o-p. Consequently, 
the low-frequency sound transmission loss of the finite partition is predicted is 
predicted as38 

RE~Ro-3 lOlogap dB (11.108) 

where Ro is the normal-incidence mass law sound transmission loss given in 
Eq. (11.83c) and O'F is the forced-wave radiatlon efficiency of the finite panel 
g1ven m Table 11.8. Note that <:Jp depends on panel size as well as on incidence 
angle and eau be smaller or larger than unity. This 1mplies that the sound transmis­
sion loss of firute panels can be larger than the normal-mcidence mass law even 
for grazing incidence if the size of the panel is small compared with the wave­
length. When the panel size is much larger than the acoustical wavelength, o-p 
approaches 1 / cos</>. For predicting the sound transnnssion loss of finite partitions 
over the entire low-frequency range (f « fc ), Eq. (11.108) should be used. 

According to reference 38, the class1cal sound transmiss10n formulas for infi­
nite panels can be used to approximate the sound transnnss10n loss of finite 

partitions by substituting 1/o-F instead of cos tjJ and j1 - 1/o-§ mstead of sin <t> 

m Eq. (11.97) and carrying out the mtegrat1on in Eq. (11.99) from cf> = O to 
cf> 90° to obtain an estimate of the random-incidence sound transmission loss 
that agrees well with laboratory measurements. There is no need to resort to limit­
mg the 111c1dent angle range to 78° The radiation effic1ency for random-mcidence 
(diffuse-field) sound-forced excitation is given m Table 11.8, and this expression 
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FIGURE 11.24 Random-incidence sound transrmssion loss of 25-kg/m2 panels as a 
function of frequency with panel surface area S as a parameter, mass-controlled low­
frequency region; computed according to Eq. (11.110). (After References 37 and 38.) 

should be used m Eq. (11.108). As shown m Fig. 11.24, the random-mc1dence 
sound transmission loss of partitions of approximately 4 m2 surface area, which 
are typically used in laboratory measurements, yield predicted values that are 
5 dB below the normal-mcidence mass law, givmg theoretical Justification for 
using the field-incidence mass law defined m Eq. (11.101) for partitions of this 
size. Note, however, that for small partitions Eq. (11.108) 1s more accurate. It 
should be pointed out that all of the sound transmission loss prediction formulas 
are valid only in the frequency region well above the first bending wave resonance 
of the panel where the forced response 1s mass controlled. For small, very stiff 
partitions the :frequency range of interest may extend mto the stiffness-controlled 
region below the frequency of the first bending wave resonance. * In this case, 

*For prediction m tlns frequency region use Eqs. (11.70)-(l 1.73). 
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the volume compliance of the panel, as described m the beginning of th1s section 
m Chapter 12, should be used to predict sound transmission. 

Empirical Method for Predicting Sound Transmission Loss of Single 
Partitions. An altemate techmque useful in preliminary design is illustrated in 
Fig. 11.25. In essence, it considers the loss factor of the matenal to be determined 
completely by the material selection and substitutes a "plateau" or horizontal line 
for the peak and valley of the forced-wave analysis in the region of the cntical 
frequency.34

•
39 Its use will be demonstrated in Example 11.3. 

Example 11.3. Calculate the transffi1ss1on loss of a ½-in.- (3-mm-) thick, 
5 x 6.5-ft (1.52 x 2-m) alummum panel by the alternate (plateau) method. 

Solution From Table 11.2, the product of surface mass and cntical frequency is 
Ps fc == 34, 700 Hz • kg/m2 The ½-m.-thick alummum plate bas a surface density 

;;l 
0 

r­
i 

10 dB 

L 

Specific 
surtoce 

Moter1ol density 

lb/f1 2 kg/m 2 : 
per m. per cm ; 

Aluminum 14 26.6 
Concrete, dense 12 22.8 
Glass 13 24.7 
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Plywoodi ffr 3 5.7 
Steel 40 76 
Brick 11 21 

. Clnder block t 6 11.4 
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FIGURE 11.25 Approximate design chart for estunatmg the sound transnnss10n loss 
of smgle panels. The chart assumes a reverberant sound field on the source side and 
approximates the behavior around the critical frequency with a honzontal line or plateau. 
The part of the curve to the left of A 1s detennmed from the field-mcidence mass law 
curve (Fig. 11.21). The plateau he1ght and length of the line from A to B are deterrnined 
from the table. The part above B 1s an extrapolation. This chart 1s fairly accurate for large 
panels. Length and width of the panel should be at least 20 tunes the panel thickness.34 
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of 8.5 kg/m2 From Fig. 11.21 we find that the normal-incidence transmission 
loss at the critical frequency is RoUc) = 48.5 dB and that the field-incidence 
transmission loss at-1000 Hz 1s Rfield (8500 Hz • kg/m2

) = 31.5 dB. 
The procedure by the plateau method is as f.ollows34

•
39

• 

1. Using semilog paper (with coordinates decibels versus log frequency), plot 
the field-mcidence mass law transffilssion loss as a line with a 6-d.B/octave 
slope through the point 31.5 dB at 1000 Hz. 

2. From Fig. 11.25, the plateau height for aluminum 1s 29 dB. Plotting the 
plateau gives the mtercept of the plateau with the field-incidence mass law 
curve at approx1mately 750 Hz. 

3. From Fig. 11.25, the plateau w1dth is a frequency ratto of 11. The upper 
frequency limit for the plateau is therefore 11 x 750 Hz = 8250 Hz. 

4. From the point 29 dB, 8250 Hz, draw a line sloping upward at 10 dB/octave. 
This completes the plateau method estimate (see curve b in Fig. 11.34). 

Sound Transmission through Double- and Multilayer Partitions 

The h1ghest sound transffilssion loss obtamable by a smgle partition 1s limited 
by the mass law. The way to "break this mass law barrier" 1s to use multilayer 
partitions such as double walls, where two solid panels are separated by an air 
space that usually contains fibrous sound-absorbmg material and double windows 
where light transparency requirements do not allow the use of sound-absorb1;ng 
matenals. 

The transmission of sound through a multilayer partition can be computed in a 
similar manner as the sound absorption coefficient of multilayer sound absorbers 
treated in Chapter 8. Figure 11.26 shows the situation where a plane sound wave 
of frequency f = w /2n is incident at an angle <p on a panel that bas N layers and 
N + l interfaces. The important boundary conditions are that the wavenumber 
component parallel to the panel surface kx k sm (j) must be the same in all of 
the layers and that the acousücal pressure and particle veloclty at the mterfaces 
of the layers must be continuous.40-

42 

The layers are characterized by the1r wave impedance formula, which relates 
the complex wave impedance at the input-s1de interface Z1 with that at the 
termmation-side interface ZT and by their pressure formula that relates the com­
plex sound pressure at the input-side mterface p 1 to that at the tenmnal-side 
interface Pr. 

The impedance and pressure formulas for an irnperv1ous orthotropic thin plate 
are g1ven by42 

Z1 +Zs 

Zr+ J [wps N s/m3 (11.109) 

PI= PT N/m2 (11.110) 
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FIGURE 11.26 Transmiss10n of a plane oblique mcident sound wave through an mfinite 
lateral dimension multilayer panel. 

where Ps is the mass per umt area anct"')3 i1; the bending stiffness of the orthotrop1c 
plate. 

For isotropie plates the second term m Eq. (11.109) reduces to Z, = Zm + 
= J((J)Ps Bk!f(J)). If the impervious layer is a composite of an 1sotrop1c 

homogeneous plate w1th a bonded dampmg material of tlnckness hv, Young's 
modulus Ev, Poisson ratio vv, and damping loss factor 1/D and the plate charac­
teristics are tlnckness hp, Young's modulus Ep, Poisson ratio vp, and loss factor 
T/p, then the complex bending stiffness B = Bcomp(l + }T/comp) is obtained1•42 

from 

B _ Eph! EDhD(hp + hD)2 
comp - 12(1 v~) + 4(1 v1) Nm 

T/comp ¼BcompÙ]pEphp + T/DEnhn)(hp + hD)2 

(11.111) 

(11.112) 

For a porous sound-absorbing layer of tlnckness h the 1mpedance and pressure 
formulas are given by42 

Z _ Z ka (I + Zafa/Zrfay)eiI'ayh + (1 
I - a kay (l + Zafa/Zrfay)eiI'ayh - (1 

PT 

Zaf a/ Zrf ay)e- jI',yh 

Zaf al Zr r ay)r jI'ayh 
N s/m 

(11.113) 

(11.114) 
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where Za = PocoZan 1s the complex charactenstic acoustical impedance of the 
porous bulk material for plane waves and is its normalized value while 

= fanko is the crn.nplex wavenumber of plane sound waves in the bulk porous 
matenal; r;Y r; - k;, Formulas for computing r an and on the bas1s of the 
flow resistivity of the porous matenal Ri are given m Chapter 8 [see Eqs. (8.22) 
and (8.19)]. The s1mpler approximate formulas for ra and Za g1ven in reference 
42 are less accurate and their use is not recommended. 

In the special case of an air layer without porous sound-absorbing matenal, 
substitute Za • poco and ka ko into Eqs. (11.113) and (11.114). 

The computation of the sound transmission Joss of a layered partition proceeds 
as follows: 

1. Set the termination impedance at the rece1ver-side interface (interface 1 m 
11.26) to Poco/ cos</> . 

2. Apply the appropriate impedance formula for layer 1 and compute the mput 
1mpedance at interface 2. 

3. Usmg the impedance computed in step 2 as the termination rmpedance for 
layer 2. compute the input impedance at mterface 3 and proceed down the 
cham of impedance calculations until the input impedance at the source-side 
interface (interface N + 1 m 11.26), ZN+1, 1s obtained. 

4. Compute the sound pressure at the source-s1de interface as the sum of 
the mcident and reflected pressures PN+l = pr[2a/(a + l)]ei(wt-k.x-i::,y), 
where a ZN+if(poco/ cosef;). 

5. Apply the appropriate pressure formulas 111 succession until the sound pres­
sure at the receiver-s1de interface, p, is obtamed. 

6. Deterrnine the transmission coefficient r ((J), 1>) Pi/ py for all frequenc1es 
of mterest. 

7. Perform computat10nal steps 1-6 for the incident angle range from ef> 0° 
to 1> 90° m one-third-degree mcrements. 

8. Compute the random-incidence sound transmission coefficient for isotropie 
layers (see ref. 42 for orthotropic impervious layers) as 

n/2 
rR((J)) 1 r((J), ef;) sin2ef;def> 

9. Compute the random-incidence sound transmission loss of the mfinite lay­
ered partition as 

1 
Rrandom(cv) = lOlog -(-) 

<R CV 

Figure 11.27 shows the random-mcidence sound transmiss10n loss of an infi­
nite three-layer partition as well as that of its constituent layers, computed accord­
ing to Eqs. (11.109)-(11.114). The partition cons1sts of two l-mm-th1ck steel 
plates and a 100-mm-thick air space that rnay or may not contain a fi.brous sound­
absorbing material. Figure 11.27 illustrates the benefit of usmg sound-absorbing 
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FIGURE 11.27 Computed random-rncidence sound transmiss10n loss of a double 
wall and Its constituent layers: (■) 100-mm-tluck fibrous absorber, flow resistlvity 
R1 16,700 N/s m4; (♦) 1-mm steel plate; (.&) 1-mm steel plate and 100-mm fibrous 
absorber. Double wall consisting of two 1-mmctluck steel plates: (□) 100-mm air spàce, 
no fi.brous absorber; (<>) 100-mm air space w1th fibrous absorber. 

Note that below 500 Hz the double wall without sound-absorbing material 
in the air space provides substantially lower random-mc1dence sound transmis­
sion loss than a single 1-mm steel plate or the single plate combined wtth the 
sound-absorbing layer. The highest sound transmission loss is obtained when the 
air space 1s filled with the porous sound-absorbing material. In practical situa­
tions, leaks and structure-borne connections between the face plates at edges of 
the partition usually limit the maximally achievable sound transmission loss at 
high frequenc1es to a range of 40- 70 dB. At low frequenc1es the finite size of 
the partition results in higher values than predicted for infimte partit10ns. The 
effect of the sound-absorbmg material in the air space results in refraction of 
the oblique-mc1dence sound t-0ward the normal, thereby reducing the dynamic 
stiffness of the air between the plates. The sound-absorbing material also pre­
vents high sound energy buildup in the cav1ty. These result m a substantial 
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mcrease m sound transmission loss. The flow resistiv1ty of the sound-absorbmg 
material should be about R1 5000 N s/m4

.43 Higher values of R1 yield only 
diminishing returns. 

The filling of the air space with a gas of 50% lower speed of sound than arr 
(such as SF6 or CO2) has the same effect as the sound-absorbing matenal,44•45 as 
illustrated in Fig. 11.28. a light gas such as helium, which bas three times 
h1gher speed of sound than arr, also 1mproves sound transmission loss to the same 
extent as a heavy-gas fill. In this case, the improvement is due to the higher speed 
of sound in the gas fill, which makes it easier to push the gas tangentially than 
to compress it. Double windows, which can be hermetically sealed and must be 
light transparent, are partitions where this beneficial effect can be exploited. 

Empirical Methad far Predicting Sound Transmission Lass of Double 
Partitions. Goesele46 has proposed a simplified method to predict the sound 
transmiss10n loss R of a double partition when the measured sound transmiss10n 
losses of the two constituent partitions R1 and· Rn are available, there are 
no structure-borne connections, and the gap is filled with porous sound-absorbmg 
material. The prediction 1s g1ven as 

(
4Jif poco) 

R ~ Rr + Ru + 20 log s
1 
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FIGURE 11.28 Improvement of the sound transm1ss10n loss of a double glass parution 
(no contact at the edges) owing to heavy gas (SF6) fill of the gap: a, measured with 
a.u:-filled gap; b, measured w1th SF6-filled gap; c, com.puted for rmneral wool fi.li. (After 
Ref. 44.) 
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where 
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{ 

PoC~ 
! ----

s = d 
2rr:f poco 

for f < /d 

for f > fd 

Co 
2nd 

N/m3 

N/m3 

(11.116a) 

(11.116b) 

is the dynanuc stiffness per unit area of the gap and d is the gap thickness. 
lf no measured sound transmission loss data for the constituent single partitions 

are available, the sound transmission loss of the double wall made of two ident1cal 
panels can be predicted on the basis of matenal properties as 

R(/R < f <le)~ 20log :f/s1 
+40log (./if) dB (11.117a) 

-v2poco fR 

R(f > fR, f > fc) ~ 40log [:rcf Psl ✓2TJ (L)114

] 
Poco fc 

+ 20 log 4:rc f ~oco dB 
s 

(11.117b) 

where fc is the critical frequency of the panels and fR is the double-wall reso­
nance frequency 

(11.118) 

Figure 11.29 shows that Eq. (11.115) yields good agreement with measured data 
in the entire frequency region, while Eqs. (11.117a) and (11.117b) give good 
agreement only well below and well above the crttical frequency but fail in the 
frequency reg:ion near the cntical frequency. Prediction methods for the sound 
transmission loss of double walls with point and line bridges are g:iven by refer­
ence 30 and by Bies and Hansen (see Bibliography). 

Sound Transmission Loss of Ducts and Pipes 

Pipes and ducts that carry high-mtensity interna! sound are excited mto vibration 
and radiate sound to the outs1de. This sound transmission in the breakout direction 
(i.e., from ins1de to outside) is charactenzed by breakout sound transmission loss 
R;o, which 1s a measure of the rate at which sound energy from the intenor of the 
duct radiated to the outside. When pipes and ducts traverse areas ofhigh-intens1ty 
sound such as found in mechaoical eqmpment rooms, the exterior sound field 
excites ductwall vibrations and the vibrating walls generate an internai sound 
field that can travel to distant quiet areas. This sound transmission from the 
outs1de to the inside direction is characterized by the breakin sound transm1ssion 
loss Ro,, wh1ch is a measure of the rate at which sound energy from the extenor 
sound field enters the duct. 

SOUND EXCITATION AND SOUND TRANSMISSION 

20 I"'' L<q:"'--\--t--!---+--, 
··o 

10
100 200 500 1000 2000 Hz 5000 

1-

449 

FIGURE 11.29 Sound transmission loss of a double partJ.tion cons1sting of two iden­
tical, 12.5-mm-thick gypsum boards separated by a 50-mm-thick gap filled with fibrous 
sound-absorbing material: a, measured values; b, predicted by Eq. (11.117); c, predicted 
by Eqs/ (11.116a) and (11.116b); d, measured sound transnnss1on loss of a smgle gypsum 
board wall. (After reference 46.) 

The sound power level radiated by a duct or pipe of length l, L'::,, is predicted 
as47 

L';/;(l) L~(0) R10 + lûlog ( ~l) + lûlog(C) dB rel0- 12 W (11.119a) 

where 

1 - e-(r+/3)1 
C=----­

(-r + f3)l 

p X 10-R,0 i10 

s 

(11.119b) 

(11.119c) 

(11.119d) 

where L:V(0) is the sound power level m the duct at the source side, S is the 
cross-sectional area m square meters, P is the perimeter of the duct cross section 
in meters, and 6..L1 is the sound attenuatlon m decibels per unit length ins1de the 
duct due to porous limng. Equation (11.119a) contains only measurable quantities 
and 1s used as a basis for the expenmental evaluation of the breakout sound 
transID1ss1on loss R;0 , by measuring the sound power W;0 (l) radiated by a test 
duct of length l into a reverberation room, the sound power m the duct at the 
source side, W;(O), and the sound attenuation inside the duct, 6..L 1, and solving 
Eq. (11.119a) for Rio by îteration. 
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The sound power level of the sound propagatmg in one directwn, L':,(l) when 
a duct of length l traverses through a noisy area (and sound breaks into the duct 
is predicted by47 

(11.120) 

where v:;c 1s the sound power level of the sound mcident on the duct of length l, 
Rio 1s the breakm sound transmission loss, and C is as defined in Eq. (11.119b). 
On the basis of reciprocity,48 the following relationship exists between breakout 
and breakm sound transmission loss: 

(11.121) 

where a and b are the larger and smaller sides of a rectangular duct cross 
section, f is the frequency, !eut 1s the cutoff frequency of the duct, and y 1s 
1 below cutoff and 0.5 above cutoff. Empirical methods for predicting the break­
out sound translllssion loss of unlined, unlagged rectangular sheet metal ducts are 
given in references 48-50. Chapter 17 contains predicted values of octave-band 
breakout sound transmission loss versus frequency for rectangular sheet metal 
ducts of s1zes most frequently used in low-veloc1ty HVAC systems. Sound trans­
mission loss predictions for round anê:l: tlat-oval ducts are g1ven elsewhere.49,50 

Figure 11.30 shows the breakin sound transmission loss of an unlined, unlagged 
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FIGURE 11.30 Breakm sound transrruss1on loss Rto of a 0.3 m x 0.91 mm tlnck sheet 
metal duct (after Ref. 48): (--) measured: (0 O O) predicted from measured R;

0 
usmg (11.121). 
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sheet metal duct. The solid curve was obtained by directly measuring the breakin 
sound transilllssion loss while the open circles represent data pomts obtained by 
applying the reciprocity relationship embodied in Eq. (11.121) for the measured 
breakout sound transnuss1on loss. The importance ofEq. (11.121) is that 1t makes 
it unnecessary to measure both R01 and R10 separately because if 'One has been 
measured, the other can be predicted. 

Sound Transmission through a Composite Partition 

Partitions that separate adjacent rooms frequently consist of areas that have dif­
ferent sound transmission losses, such as a wall that contams a door w1th an 
uncovered key hole. If all parts of the composite partition are exposed to the 
same average sound mtens1ty, Imc, on the source side, then the sound power 
transmitted is 

n n 

Wtrans = lmc L S; X 10-R,/lO ImcLS;r, W 
•=1 t=l 

and the transmission loss of the composite partition 1s 

Rcomp l0log Winc = -lOlog t S; x 10-R,/lO dB 
Wtrans ,=l Stot 

(11.122a) 

(11.122b) 

where S; 1s the surface area of each component, Siot is the total area of ail 
components, and R; 1s the sound transilllssion loss of the ith component. The 
sound transnussion loss of a small hole radius a « Ào in a thm plate of thickness 
h is well approximated by26 

~ h + 1.6a 
Rhole = 20 log r,; 

v2a 
dB (11.123) 

mdicating that small ho les m thin partinons ( h < a) y1eld a frequency-independent 
sound transmission loss of Rhole :::: 0 dB. Note, however, that Eq. (11.123) 1s valid 
only for small round holes. Long narrow slits can have a "negative sound trans­
nussion loss."51 The sound transmission loss of holes and slits can be increased 
substant1ally by sealing them w1th either porous sound-absorbing matenal or an 
elastomenc matenal or desigmng them as silencer JOmts. Prediction of the sound 
translllssion loss of such acoustically sealed openings are g1ven in references 52 
and 53. 

Flan king Sound Transmission 

The sound transmission loss of partitions is measured m acoustical laboratories 
where sound translllssion from the source room to the receiver room occurs 
only through the partition under test. However, if the same partition constitutes 
a part of a building, then sound can be transmitted through many paths, as 
shown schematically in Fig. 11.31. Path 1 represents the primary path, which is 
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FIGURE 11.31 Souud transID1ss10n paths between two adjacent rooms in a typ1cal 
building (after Reference 54): 1, pnrnary path; 2-4, flanlang paths. 

characterized by sound transmission loss of the separating partition R1, usually 
available from laboratory measurements. The sound transmission loss for each 
of the n = 4 paths (1 the direct and 2, 3, and 4 the flanking paths) is defined 

wmc 
R ~ lOlog- 1

- dB 
n W~s 

(11.124) 

and the composite sound transm1ss1on Joss, which combines sound transmission 
along each of the four paths, as 

Rcomp -lOlog (10-R,/lO -t::i: t 10-Rmn/lO) dB 
n=2m=1 

(11.125) 

where m = 4 represents the four sound-excited flanking partitions (i.e., the-two 
sidewalls, floor, and ceiling of the receiver room) each of which transrmt sound 
along each of the three flanking paths n = 2, 3, 4. Usually flankmg path n = 2 
contributes as much to the receiver room sound power as do the two other fiank­
ing paths n = 3 and n = 4 together. The contribution of the back wall of the 
source and rece1ver room 1s usually negligible. The process of flanking trans­
miss10n along flanking paths n 2, 3, 4 is as follows: (1) the sound field m the 
source room excites the flanking walls to vibration, (2) the vibration is transmit­
ted through the wall JUnctions to the receiver room walls, and (3) the receiver 
room walls radiate sound power into the receiver room that adds to that transrnit­
ted by the separating partition through the direct path. If the source and receiver 
rooms have no cornmon wall, the entire sound transnnss10n takes place through 
fianking paths. For adjacent rooms with a common wall, the composite sound 
transmission loss given in Eq. (11.125) should be used to predict the sound pres­
sure level in the receiver room. The component flanking transmission lasses Rmn 

for homogeneous isotropie smgle-wall construction can be approximated by54 

Rmn 

(11.126) 
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where PM 1s density and CL the longitudinal wave sp~ed of the wall matenal, h 
is the thickness, 7/m 1s the composite loss factor of the mth partition in the source 
room, and LiL 1unct is the attenuation of the structure-borne sound amplitude at 
the wall junction along the transrrnssion path n. The symbol S1 is the surface 
area of the separatmg partit10n and Srad is the surface area of the partition m 
the receiver room mvolved m the transmission along path n. The symbols Œm 

and Œract are the radiation efficiencies of the mth partition in the source room 
and the radiation effic1ency of the partition in the receiver room .. that radiates 
sound owing to the sound-mduced vibration of the mth partition in the source 
room transmitted through the nth path. A more accurate predict1on of the effecL 
of flanking paths on sound transrmss1on loss can be made utilizing the statistical 
energy analysis method discussed in the next section. 

11.8 STATISTICAL ENERGY ANALYSES 

Statistical energy analysis (SEA) is a pomt of view in dealing w1th the vibration 
of complex resonant systems. It permits calculation of the energy flow between 
connected resonant systems, such as plates, beams, and so on, and between plates 
and the reverberant sound field in an enclosure.55- 59 

System of Modal Groups 

In respect to the energy E stored m a structure or m an acoustical volume, may 
be thought of as a system of resonant modes or resonators. First, let us cons1der 
the power flow between two groups of resonant modes of two coupled structures 
having therr modal resonance frequencies within the same narrow frequency band 
Liw (see Fig. 11.32). 

We assume that each resonant mode of the first system (box 1 in Fig. 11.32) 
has the same energy. Also, assume that the coupling of the indiv1dual resonant 
modes of the first system with each resonance mode of the second system is 
approximately the same. 

If we further assume that the waves carrying the energy m one system are 
uncorrelated with the wavcs carrymg the energy gained through coupling to the 

W'" 1 

System1 

i W12°Wi~-w;1 

Wz1 

w'" 2 

System2 

FIGURE 11.32 Block diagram illustrating power flow between two nondissipatl.vely 
coupled systems. 



454 INTERACTION OF SOUND WAVES WITH SOUD STRUCTURES 

other system, we can separate the power flow (each equation is written for a 
narrow frequency band l'iw) as 

W{2 = E1uYf/iz W 

W~I = E2wr/21 W 

where W{2 = power system 1 transmits to system 2, W 
W~1 = power system 2 transmits to system 1, W 
E 1 = total energy in system L m kg/s 
E2 = total energy in system 2, m - kg/s 
w = center frequency of band, radis 

(11.127) 

(11.128) 

1112 = coupling loss factor from system 1 to system 2, as defined in 
Eq. (11.127) 

1121 = coupling loss factor from system 2 to system 1, as defined m 
Eq. (11.128) 

The net power flow between the two systems is, accordingly, 

Modal Energy Em 

Let us define modal energy as 

E(t:,.w) 

n(w) !:,.w 

w 

W s/Hz 

where E(l:,.w) = total energy m system m angular frequency band !:,.w 

n ( w) = modal density, = number of modes in urut bandw1dth 
(l'iw 1) centered on w, the angular frequency 

!:,.w = bandwidth, radis 

(11.129) 

(11.130) 

If the previously made assumptions about the equal distribut10n of energy in 
the modes and the same coupling loss factor are valid, then it may be shown that 

l/21 n1 (w) 

l/12 n2 (w) 
(11.131) 

where n 1 ( cv) = modal density of system 1 at frequency w, s 
n2(w) modal dens1ty of system 2 at frequency w, s 

Equation (11.131) implies that for equal total ene:rg11es in the two systems, 
E2, the system that has the lower modal density [lower n(w)] transfers more 
energy to the second system than is transferred from the second to the first 
system. 
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Combming Eqs. (11.129) and (11.131) yields* 

(11.132) 

where W12 = net power flow between systems 1 and 2 in band !:,.w, 

centered at w, W 
, Em2 = modal energies for systems 1 and 2, respectively 

[see Eq. (11.130)], W s/Hz 

This equation 1s positive if the first term m the brackets 1s greater than the second. 
The principle of the SEA method is given by Eq. (11.132), which is a simple 

algebraic equatton with energy as the independent dynamic variable. It states 
that the net power fiow between two coupled systems in a narrow frequency band, 
centered at frequency w, ts propomonal to the difference tn the modal energies 
of the two systems at the same frequency. The jlow is from the system wtth the 
htgher modal energy to that with the lower modal' energy. 

It may help·to understand Eq. (11.132) if we use the thermodynamical analogy 
of heat transfer between two connected bodies of different temperature, where 
the heat flow is from the body of higher temperature to that of lower temperature 
and the net heat flow is proportional to the difference in temperature of the two 
bodies. Consequently, the modal energy Em is analogons to temperature, and the 
net power flow W12 1s analogons to heat flow. The case of equal modal energies 
of the two systems where the net power flow 1s zero is analogous to the equal 
temperature of the two bodies. 

Equal Energy of Modes of Vibration 

Equal energy of the modes within a group will usually eX1st if the wave field of 
the structure is diffuse. Also, since the frequency-adjacent resonance modes of 
a structure are coupled to each other by scattenng and damping, there 1s always 
a tendency for the modal energy of resonant modes to equalize within a narrow 
frequency band even if the wave field 1s not diffuse. 

Noncorr:elation between Waves in the Two Systems 

In sound transmiss10n problems usually only one system is exc1ted. The power 
W{2 transmitted to the nonexcited system builds up a semidiffuse vibration field 
m that system. Accordingly, the waves that carry the transmitted power Wf1 back 
to the excited system are almost always sufficiently delayed and randomized in 
phase with respect to the waves carrymg the mcident power W(2 that there is 
little correlation between the two wave fields. 

*Note that Eq. (11.131) 1s a necessary reqUirement if Eq. (11.132) 1s to obey the conslS!ency rela-
tionslup W12 - W21. 
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Realization of Equal Coupling Loss Factor 

Equality of the coupling loss factors between mdividual modes within a group 
is a matter of grouping modes of similar nature. If the coupled system is a plate 
in a reverberant sound field, the acoustically slow edge and corner modes and 
acoustically fast surface modes are grouped separately. 

Composite Structures 

Composite structures generally consist of a number of elements such as plates, 
beanis, stiffeners, and so on. We may divide a complex structure into Its sim­
pler member provided the wavelength of the structure-borne vibratJ.on is small 
compared with the characteristic dimensions of the elements. Where this 1s true, 
the modal density of a complex structure is approximately that of the sum of 
the modal densities of its elements. If the power input, the var1ous coupling loss 
factors, and the power dissipated m each element are known, the power bal­
ance equations will yield the vibrational energy m the respective elements of the 
structure. 

The dissipative loss factor for an element of a structure is obtained by sepa­
rating that element from the rest of the structure and measuring its decay rate, as 
discussed m Chapter 14. The coupling loss factor can be determined experimen­
tally from Eq. (11.132); however, the procedure is difficult. Theoretical solutions 
are available for the coupling loss factoïs of a few simple structural connections. 59 

When the coupling loss factor between a sound field and a simple structure is 
desired, such a loss factor can be calculated from Eq. (11.131) if the radiation 
ratio of the structure is known, as shown in the next section. 

Power Balance in a Two-Structure System 

The power balance of the simple two-element system of Fig. 11.32 1s given by 
the followmg two algebraic equations: 

Wf Wf +W12 W 

Wf =W12+Wf W 

where Wi = mput power to system 1, W 
Wf power dissipated in system 1, W 
W12 = net power lost by system 1 through coupling* to system 

2, = w{z w~1, w 
Wf = input power to system 2, W 
Wf power dissipated m system 2, W 

* As m our prev1ous analys1s, we assume that the coupling 1s nondissipative. 

(1L133) 

(11.134) 
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The power diss1pated in a system is related to the energy stored by that system, 
E,, through the dissipative loss factor r,;, namely, 

(11.135) 

where E; 1s energy stored in system i in newton-m~ters. . m •• 

Assummg that the second system does not have direct power mput (W2 . = 0), 
the combination of Eqs. (11.130)-(11.132), (11.134), and (11.135) (with i = 2) 
yields the ratio of the energies storecl in the two respective systems: • 

E2 n2 r/21 (11.136) 
E1 n1 r/21 + r/2 

If the coupling loss factor is very large compared to the loss factor m system 
2,,..,that is, if 1/21 » ry2 , Eq. (11.136) yields the equality of the modal energies 
(Eifn 1 6.w E2/n2 6.w). 

Diffuse Sound Field Driving a Freely Hung Panel 

Let us now exanime the special case of the excitation of a homogeneous panel 
(system 2) that bangs freely, exposed to the diffuse sound field of a reverberant 
room (system 1). 

For this case, the total energies for each system are given by 

. (pz) 
E 1 = DV = - 2 V N , m 

Poco 

= (v2)psS N m 

(11.137) 

(11.138) 

where D = average energy density in reverberant room, N/m
2 

(p2} = mean-square sound pressure (space-time average), N2/m
4 

V = room volume, m3 

(v2) mean-square plate vibration velocity (space-time average), m
2
/s

2 

S = plate surface area (onë side), m2 

Ps mass per unit area of panel, kg/m2 

To find the coupling loss factor 1)21, we must first recognize that W~1 equals 
the power that the plate, having been excited into vibration, radiates back mto 
the room. Thus • 

where Œrdct = radiation ratio for plate, dimensionless 
Wrru1 = acoustical power radiated by both sides of plate, which 

accounts for factor 2, W 

(11.139) 
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Solving for ry21 yields 

(11.140) 

The modal denslty of the reverberant sound field m the room n 1(cv) and that 
of the thin homogeneous plate n2((i)) are given in Table 11.7, namely, 

(11.141) 

✓i2 s 
--- s 
4ncLh (11.142) 

where cL propagation speed of longitudinal waves m plate material, mis 
h = plate thickness, m 

Inserting Eqs. (11.137)-(11.142) into Eq. (11.135) yields the desired relation 
between the sound pressure and plate veloc1ty: 

(11.143) 

The mean-square (space-time aver~g;e) acceleration of the panel is simply 
';) 

(a2) = cv2(v2} = (p2} ✓Tinc5 1 m2 /s4 
2pocohCLPs 1 + Ps(i)rJ2/2pocoaract 

(11.144) 

It can be shown that as long as the power dissipated in the plate is small 
compared with the sound power radîated by that plate (p,(f)r]z « 2p0c0arad), the 
equality of the modal energies of the sound field and the plate yields the proper 
plate veloc1ty and acceleration. Also, under this condition, the ratio of the mean­
square plate acceleration to the mean-square sound pressure 1s independent of 
frequency. 

ln general, the plate response 1s always smaller than that calculated by the 
equality of the modal energies by the last factor on the right of Eq. (ll.143) or 
(11.144), which equals the ratio of the power loss by acoustical radiation to the 
total power loss. In dealing with the excitation of structures by a sound field, the 
concept of equal modal energy often enables one to g1ve a simple estimate for 
the upper bound of the structure's response. 

Example 11.4. Calculate the rrns velocity and acceleratlon ofa 0.005-m-( 1--m.-) 
thick homogeneous aluminum panel resiliently suspended in a reverberani~oom. 
The space-averaged sound pressure level Lp = 100 dB(../(p2) 2 N/m2) as mea­
suredinaone-third-octave bandcenteredatafrequency f = (f)j2n 1000 Hz. The 
appropnate constants of the panel and surrounding media are Ps 13 .5 kg/m2 ; cL 
5.2 x 10

3 mis; h 5 x 10- 3 m; Po 1.2 kg/m3 ; c0 = 344 mis; and 112 = 10- 4 
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Solution First, calculate the factor 

Ps(i)1J2 13.5 X 2Tt X 103 X 10- 4 

2 X 1.2 X 344 X Œrru:1 

8.5 
--«1 
820arad 

459 

According to the above mequality the mean-square acceleration of the panel 
given by Eq. (11.144) simplifies to 

or a= = 4.34 rn/s2, an acceleration level of 113 dB re 10- 5 mls2 

The mean-square velocity is 

(v2} = (a2} = 19 = 4.76 x 10-1 m2 /s2 
(1)2 4n2 X lQ6 

or Vnns = = 6.9 x 10-4 mis, a vetocity level of 97 dB re 10- 8 mis. 

Sound Transmission Loss of a Simple Homogeneous Structure 
by the SEA Method 

The SEA method may be used to analyze the translllssion of sound between two 
rooms coupled to each other by a single common, thm homogeneous wall.58 (i.e., 
there are no flanking paths). System 1 1s the ensemble of modes of the diffuse, 
reverberant sound field in the source room, resonant within the frequency band 
l:;.w. System 2 is an appropriately chosen group of vibration modes of the wall. 
System 3 1s the ensemble of modes of the diffuse reverberant sound field in the 
receiving room, resonant within the frequency band Acv. A loudspeaker in the 
source room 1s the only source of power, and the power diss1pated in each system 
is assumed to be large compared with the power, lost to the other two systems 
through the coupling (see Fig. 11.33). 

Loudspeoker 
input power 

r _t 
1 E; ,---..----, 

CD 

FIGURE 11.33 Block diagram illustrating the power flow in three-way coupled sys­
tems: W13, transm1Ss10n of sound by those modes whose resonance frequency lies outside 
the source band. The "nomesonant" modes are important below the critical frequency. 
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The procedure is as follows: 

1. Relate Wi° to the power lost by sound absorption in the room. This yields 
(pf), the space-averaged mean-square sound pressure m the source room. 

2. Calculate E1 = (pf) Vil pc2
, where Vi 1s the volume of the source room. 

3. The reverberant sound power incident on the dîviding wall of area S2 is 
Wmc = E1cS2/4Vi Pî/4pc. 

4. From the power balance of the wall for resonant modes within the band­
width, L'..w is next determmed, that is, W12 = Wf + W23, so that 

W12 = Eq.(11.135) + 0.5 [Eq.(11.139)] 

This sum equals Eq. (11.132). Recause 1712 of Eq. (11.32) 1s not well 
known, it is replaced by using Eq. (11.131) and the de:firution of loss factor 
T/21, which yields T/21 pocoaru1/ PsW, 

5. The vibrational energy of the wall is E2 (v2)p,S 2 . 

6. Combming steps 3, 4, and 5 y1elds the mean-square wall velocity (v2 } as 
a function of mean-square source room pressure (pf). 

7. The power radiated into the receiving room 1s 

W23 {)oc0S2aru1(v2} 
, ...... <ê 

8. Finally, the resonance transmission coefficient •r 1s found by dividing step 
7 by step 3. 

9. The resonance transmzsswn loss, defined as Rr 10 log(l/-rr ), is computed 
from step 8 using Eq. (11.97) and assuming that p,w172 » 2p0c0aract to y1eld 

Rr = 20log ( Psü> ) + lOlog ( ~ ~ 17J ) dB 
2{)oco. Jcn:arad 

(11.145) 

The first term in Eq. (11.145) is approximately the normal-mcidence mass law 
transrmssion loss Ro, so that Eq. (11.145) becomes 

where fc 

172 

(
/2712) Rr = Ro + lOlog --- 2 fc TT: O'rad 

dB 

critical frequency [see Eq. (11.94)], Hz 
total loss factor of wal]. dimensionless 
radiation efficiency for wall, dimensionless 

(11.146) 

Thus we have obtained the transmission loss between two rooms separated by 
a common wall using the SEA method. 

Below the cntical frequency and when the dimensions of the wall are large 
compared with the acoustical wavelength, the radiation factor Uract can be tak:en 
from Table 11.8. 
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It is inlportant to note that if the sound transrmss1on loss of an equivalent 
infinite wall is compared w1th the data measured and predicted by the SEA 
method, it is found that above the critical frequency, the transmission loss R for 
the mfinite wall y1elds the same results as Eq. (11.146), wh1ch tak:es into account 
only the resonance transmission of a finite wall. 

Below the critical frequency the sound transmission loss of a firute panel is 
more controlled by the contribution of those modes that have therr resonance 
frequencies outside of the frequency band of the excitation signal-than by those 
with resonance frequencies within that band. Since bnly the contributions of 
the latter are included in the previous SEA calculation, Eq. {11.146) usually 
overestimates the sound transmission loss of a finite panel below the critical 
frequency. Figure 11.34 shows that below the critical frequency for a ½-in.-thick 
alurmnum panel the sound transmission loss of the resonant modes alone ( curve a) 
1s approx1mately 10 dB higher than that measured on the actual panel (curve d). 

A composite transmisswn factor that approXlmately tak:es into account both 
the forced and resonance waves 1s closely approximated by 

1 

Wrorcect + Wres 

(11.147) 
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FIGURE 11.34 Comparison of experimental and theoretical transrmssion loss of a 
5 ft x 6.5 ft x ½ in. alummum panel. The theoretical calculations are based on (a) 
resonance mode calculation, (b) plateau calculation, and (c) forced-wave calculation. 
Curve d shows the expenmental results, (After Reference 58.) 
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At low frequenc1es where the first tenu in the denominator dominates, the 
transmission factor becomes 

! ~ ~ (~::Y 
and the sound transmission loss 1s [see Eq. (11.101)] 

1 
R = 10 log ~ Ro - 5 = Rfield dB 

r 

(11.148) 

(11.149) 

At high frequencies where the second tenu m the denominator becomes dom­
inant, the sound transrmssion loss is gi ven by Eq. (11.146). 

11.9 EQUIVALENCY BETWEEN THE EXCITATION OF A STRUCTURE 
SOUND FIELD AND POINT FORCE 

In the mechamcal equipment room of buildings, ships, and engme compartment 
of vehicles the boundaries (such as the walls, floor, and ceiling) are excited 
s1multaneously by airborne noise and by dynamic forces. The rurborne noise 
might emanate from the casing of machines and the dynamic forces might be 
those acting at the ng1d or resilient -atté:!fhment points of the machine to the 
floor or at the attachment points of pipes, conduits, or ducts (which are rigidly 
connected to the vibrating machine) to the wall or to the ceiling. 

The noise control engineer is faced with the dilemma of predictmg whether 
the airbome noise or the dynamic forces at the attachment points control the 
vibration response of the structure. The type of excitation that controls the vibra­
bon response of the structure will also control the airborne n01se and vibration 
at distant noise- and vibration-sensitive rece1ver locations. 

In his noise control engineering practice the author has been called upon 
to predict whether the ramble (low-frequency random nmse) generated by the 
passage of subway trains m a nearby tunnel will be above or below the threshold 
of human hearing m a planned concert hall. In another project, he had to predict 
whether eye surgeons would be able to perfonn retina operations in a hosmtal 
located near another subway tunnel. • 

The dynamic forces acting in the tunnel floor owmg to the wheel-rail inter­
action can be reduced substantially by mounting the track on a "floating slab" 
cons1sting of a thick concrete slab that is supported by resilient rubber mounts 
laid on the tunnel floor. However, the floating slab has no benefic1al effect on 
reducing the airbome noise exposure of the walls and the roof of the tunnel. Actu­
ally, the floating slab results in an increase of the airborne noise, espec1ally m 
the frequency range near its coinc1dence frequency where the propagation speed 
of bending waves in the floating slab coincides with the propagation speed of 
sound m arr and the slab becomes a very efficient sound radiator. Consequently, 
the airbome sound excitation of the tunnel structure might be controlling the 
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low-frequency vibration response of the tunnel walls and the noise and vibration 
at a distant observer location. 

To enable him to make a quantitative Judgment on the relative importance of ' 
the arrborne noise versus the force excitation of a platelike structure, the. author 
has denved the relationship60 

(11.150) 

where Feq is the pomt force in newtons that generates the same free bending 
wave response on a partition of surface area S f as a random-inc1dence sound 
field with a space-time average sound pressure p. The symbol O'ract is the radi­
ation efficiency of the partition. It is unity at frequencies above the comcidence 
frequency. The pnnciple of reciproclty requires that O'ract is also a measure of the 
degree of coupling of the sound waves to the vibration response of the structure. 
The symbol À = co/ f 1s the acoustical wavelength in meters, c0 is the speed of 
sound in air in meters per second, and f is the frequency m hertz. (reciprocal 
seconds). The symbol Lp is the sound pressure level in decidels re 2 x 10- 5 

N/m2 

Equation (11.150) can be written in a form thafis easy to remember: 

p2 - (~) ( (pS)2 ) ~ ( (pS)2 ) N2 
eq - n S/(À/2) 2 S/(À/2) 2 

(11.151) 

The numerator of Eq. (11.151) 1s a force squared (the product sound pressure 
and the area) and the denominator 1s the number of areas, each a half wavelength 
squared, that would fill the entire surface area S. The area ()./2)2 is where the 
sound pressure on the surface of the partition is m phase. 

Equations (11.150) and (11.151) are extremely simple and universally useful 
because: 

1. The force/sound pressure equivalency does not rmplicitly depend on the 
matenal properties of the partition such as the density, Young's modulus, 
loss factor, and geometry. 

2. They do not depend on the dens1ty of the flmd: 
3. They are also valid for partitions with fluid loading such as concrete slabs 

embedded in soil or steel plates with a liquid on the other s1de. 

The reason for these unique properties of Eqs. (11.150) and (11.151) is that the 
vibration response to both sound and point force depends the same way on these 
properties. For example, a lightly damped structure will respond equally vigor­
ously to sound and point force excitation, a plate made out of a material w1th high 
density will respond equally less v1gorously to both sound and force excitation 
than one that is made of a less dense matenal, and so on. Equations (11.150) 
and (11.151) have been derived by assuming that the partition is large compared 
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with the bending wavelength and the room where the sound field is generated is 
large compared with the acoustical wavelength. Both the structure and the sound 
field respond m a multimodal fashion and their response is dominated by the 
resonant modes. 

In noise control the airbome n01se strength of machines and equipment 
is given in the form of their sound power W (f) or sound power level spectrum 
Lw(f). The diffuse-field sound pressure m a room, resulting from the injected 
sound power, is g1ven by 

(11.152) 

Combiuing Eqs. (11.150) and (11.152) yields 

Feq(f) W(j)pocJ;r;:(j) (~) (~J (~) N2 (11.153) 

where W (f) = sound power of machine, W 
Feq(f) eqmvalent point force acting on solid boundary that produces 

same resonant (i.e., free bending wave) vibration response of 
boundary as the sound field produced m room owing to 
sound power output of the machine, N/m2 , 

S; = surface area (one side) @f boundary directly excited by force, 
m2, 

S10 1 = total surface area of all boundanes of room, m2, 

a = sound absorption coefficient of internai boundary surfaces 

The validity of Eqs. ( 11.150), (11.151), and (11.153) have been bnefly check­
ed61 experimentally by exciting the boundaries of an underground fan room. First 
one wall was exc1ted with a shaker and the point force F(j) was measured with 
a force gauge bui!t into the impedance head that connected the shaker to the fan 
room wall. Then, a sound field was generated in the fan room by a loudspeaker 
and the sound pressure level SPL(j) was measured w1th a calibrated microphone. 
For both types of excitation the force and the sound pressure level was 1<.v.w,1a.u:,u 

at an 1dent1cal series ofpure-tone frequencies to maximize the signal-noise ratio. 
The response was measured by a geophone in the form of the ground vibration 
at a distant location. 

Example 11.5. Predict whether a planned concert hall can be located on a site 
near an existmg subway line Mthout imposmg speed limlts on the subway train 
and without supporting the entire concert hall on resilient vibration isolation pads. 
The design goal is to keep the ramble noise in the concert hall below the threshold 
of human hearing, which is 35 dB in the 63-Hz center-frequency octave ba:p,d. 

The subway tunnel has a 10 ft x 10 ft cross section and the subway train 
1s 100 ft long. The tunnel walls, roof, and floor are poured concrete of 0.4 m 
thickness. Analytical predictions carried out have mdicated that mounting the 
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rails on a floating slab would reduce the total force acting on the tunnel floor to 
200 N in the 63-Hz center-frequency octave band and that this dynarruc force 
was expected to produce a sound pressure level of 30 dB in the concert hall. This 
is 5 dB lower than the human threshold of hearing. Sound-level measurements 
carned out in the tunnel dunng the passage of a subway train y1elded a sound 
pressure level of 110 dB in the 63-Hz center-frequency octave band. Predict 
whether this airbome excitation· will produce n01se levels in the concert hall 
above the 35-dB threshold of hearing. 

Solution The critlcal frequency fc is predicted from Table 11.2. The den­
sity of concrete p 2300 kg/m3 , the mass per unit area Ps = ph = }300 x 
0.4 = 920 kg/m2, fcPs = 43,000, and fc = 43, 000/920 47 Hz; consequently, 
arad(f=6 3 Hz) ::: 1. The surface area ot the tunnel exposed to the high-level airborne 
noise excitation S10t 10 x 10 x 100 = 10, 000 ft2 929 m2 , With these val­
ues Eq. (11.150) y1elds 

Feq ( ~) ~2(10-5)10SPLj20 (36:0) /?f!-2(10-5)10110/20 = 586 N 

Consequently, the n01se level m the concert hall that is attributable to the arrbome 
sound excitation of the tunnel walls 1s predicted to be 

(
586) SPLHanU = 63 Hz)= 30 + 20log 
200 

::: 39 dB 

This is 4 dB above the design goal, mdicating that the design goal cannot be 
achieved without restricting the train speed or putting the concert halLon vibration 
isolators that would need to provide a rugh degree of isolation at 63 Hz. 

11.10 RECIPROCITY AND SUPERPOSITION 

The principles of rec1procity and superposition apply to linear systems with time­
mvariant parameters. Not only solid structures but fluid volumes at rest fall into 
this category. Consequently, rec1proc1ty and superposition apply to systems that 
consist of solid structures surrounded by acoustical spaces and can be used to 
great advantage not only in structure-borne noise and airbome noise but also in 
structural acoustics, which deals with the mteraction of sound waves with solid 
structures. 

The pnnciple of superposition, illustrated in Fig. 1 allows the use of the 
simplest excitation sources such as a point force source or a point-monopole 
sound source to explore the response to more complex excitation sources such as 
a moment acting on a structural element or an acoustical dipole radiating into an 
acoustical volume. The principle of reciproc1ty, which can be traced back to Lord 
Rayleigh, 62 is illustrated in the upper three sketches in 1 L36. It states that 

(11.154a) 
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FIGURE 11.35 Use of superposit10n to predi~t the response of structures and acoustical 
spaces (v2 and P2) to complex excitation sources such as moments (M1) and clipoles (D1) 

on the bas1s of point force (F1) and acoustical monopole (Q 1). Note that the structure and 
the acoustical space may be of arbitraty shape and the acoustJcal space may be unbound 
or bound by elastic or sound-absorbmg boundaries and may contain an arbltraty number 
and size of rigid or elastic scatterers. 

The symbol F1 is (generalized) force when point 1 is source and point 2 1s rece1ver 
and v1 is (generalized) velocity when point l 1s receiver and pmnt 2 is source. The 
vector product F1 v1 must y1eld the instantaneous power, or m complex notation 
Re{½F1vi} = Re{½F2v!} must yield the time-averaged power. Note that F and 
v are vector quantlties as signified in the figure by the arrow above the symbols. 
If v1 and F1 and v2 and F2 are measured or applied m the same direction, as 
illustrated by the sketch in the lower left side of Fig. 11.36, the vector notatrnn can 
be exchanged for the less complicated scalar notation, where force and velocity 
are characterized by a magnitude and phase (i.e., F F eN,f, îi veF/!r). In this 
case, the reciprocity takes the form of the equality of transfer functions 

m/N s (1L154b) 

This should be kept m mmd in our latter deliberations, where the special vector 
notation is not carried through. Since monopole strength Q and sound pressure 

'I 

t1 
~2 

t 
fv1 

-:ill 
- F2 F1=0 

(A) 

RECIPROCITY AND SUPERPOSITION 467 

~

~,o 

(li31 , G::] l 

(B) (Ci 

FIGURE 11.36 Pnnc1ple of reciprocity as applied to a complex structure. Top sketch 
illustrates general principle. Lower sketches apply in special s1tuat1ons: (a) structure; (b) 
an acoustical space; ( c) a structure. coupled to an acoustical space .. Symbols: F, I?_Omt force 
vector; v, velocity response vector (measured by the same direction as F); Q, volume 
veloc1ty of acoustical pomtcsource; p, sound pressure. • 

fi are scalar quantities ( defined by their magmtude and phase), no directional 
restramts ex1st m the acoustical case illustrated m Fig. 11.36b. 63• 64 However, 
dipole and quadrupole sound sources (constructed from adjacent out-of-phase 
monopoles) have highly directional radiat10n characteristics and must be con­
nected to directional quantities of the sound field such as pressure gradients 
dp/dx and d2pjd 2x measured m the same direction relative to the orientation 
of the dipole or quadrupole sound source for the rec1procity to apply. 

Table 11.9 contains useful rec1procity relationshlps applicable to h1gher order 
excitation sources and responses. These relat10nships automatically follow from 
the Joint application of superpos1twn and reciprocity to the appropriate combina­
tion of srmple sources such as pomt forces and acoustical monopoles. 

The pnnciple of reciprocity can be used to cons1derable advantage rn both 
experimental and analytical work. In expenmental work It is difficult and cumber 
some to excite complex structures by point forces and moments and to measure 
the sound pressure such excitation causes in the mtenor of a vehicle. It 1s almost 
always eas1er to obtam the sought transfer function between the acoustical pres­
sure and the exciting force or moment by placmg a small acoustical source of 
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known volume velocity at the microphone location and measuring the vibration 
response at the position and in the direction of the applied force and applying 
the reciproc1ty relationship illustrated in Fig. 11.36c. 

The fonn ofreciprocity illustrated in Fig. 11.36c is the most useful in structural 
acoustics. Its practical application 1s described in reference 64. In the direct 
experiment the force F1 1s applied to the structure by a shaker (and its magnitude 
and phase are measured by a force gauge mserted between the shaker and the 
structure), and the magnitude and phase of the sound pressure p2 are measured 
by a microphone. The phase of Fi and p2 are referenced to the voltage U applied 
to the shaker. In the reciprocal experiment-which 1s much eas1er to perfonn 
than the direct experiment-a small onmidirectional sound source (an enclosed 
loudspeaker whose diameter is smaller than one-quarter acoustical wavelength) 
with calibrated volume velocity response Q 1s placed at the former microphone 
location and the veloc1ty response of the structure at the former excitation point 
v2 is rneasured (in the same direction as the force was applied) by a small 
accelerometer. The phases of Q and v2 are referenced to the voltage U applied 
to the loudspeaker sound source. The volume velocity calibration of the sound 
source ( Q / U) is obtained by placmg it in an anecho1cally termmated rig1d tube, 
baffüng it so it radiates only toward the anech01c termination, sweepmg the 
loudspeaker voltage through the frequency range of interest, and measuring the 
transfer function (p / U), where U is the voltage applied to the loudsj')eaker and 
p is the sound pressure measured by-a-microphone located two tube diameters 
or further away from the source. The sought volume velocity calibration of the 
source is then computed as65 IQ/UI = IP/Ul(S/Poco), where Sis the cross­
sectional area of the tube, Po 1s the dens1ty of air, and co 1s the speed of sound in 
air. When phase information 1s important, the sound source can be calibrated in 
an anechoic chamber by measuring the sound pressure p(r) at a large distance 
r » Ào away from the source and computing the volume veloc1ty calibration 
Q/ U [p(r)/ U](4rrr 2 / p0c0)e-j 2,rfr/co 

Figure 11.37 illustrates the application of rec1procity on a complex structural 
acoustical problem, namely, the prediction of the mterior noise of an automobile 
to point force excitation of the shock tower. First, the shock tower was excited 
by a pomt force, and sound pressure generated at the driver' s head position 
was measured to obtain the direct transfer function p / F identified by the solid 
line. Next, the rec1procal experiment was carried out by placmg a point sound 
source of known volume veloc1ty Q at the former location of the microphone 
and measunng the vibration velocity response of the shock tower. The transfer 
function v/Q obtained this way is shown as the dotted curve in Fig. 11.37a. 
Referencmg the phases of p and F to the voltage applied to the shaker and 
that of v and Q to the voltage applied to the loudspeaker source, not only the 
magmtude but also the phase of the reciprocal transfer functions p / F and v / Q 
can be retained so that the mtenor noise caused by many simultaneously acting 
forces and moments can be predicted. Figure 11.37b shows the unrolled phase 
of the transfer function pair. 
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FIGURE 11.37 Parr of rec1procal transfer functtons measured in a passenger vehlcle: 
(a) direct, p/F; (b) rec1procal, v/Q 
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Prediction of Noise Caused by Multiple Correlated Forces 

The use of reciprocity and superposition m the case of multiple correlated force 
input is illustrated in Fig. 11.38. The problem 1s to predict the sound pressure 
p R in the receiver room below after installation of a vibrating machine in the 
source room above. The building 1s constructed, and the machine manufacturer 
provides the magnitude, the direct10n, and the mutual phase </>12 of forces F1 
and F2 the machme-when mstalled on soft spnngs-will impart to the floor. 
The predict10n of PR proceeds as illustrated m the lower part of Fig. 11.38 by 
measuring the rec1procal transfer functions -vil QR = PR! F1 and -v2/ (h 
p RÛ F2 and utilizmg the principle of superposition. The forces and veloc1ties 
must be measured in the same direction. Perfonning the rec1proc1ty prediction 
for a number of different loudspeaker positions in the rece1ver roorn, the spatial 

D 
Q 

1 - PR= {IF1I © ei~1Q + IF~ eih ~ ei<">} 

FIGURE 11.38 Use of reciprocity and superposition to predict the sound pressure m 
a room caused by two correlated forces F1 and F2 actmg on the building structure. Top 
sketch represents actual situation and lower sketch the reciprocity prediction: q:,1Q and 
<P2Q represent the phases of the transfer functions vil QR and îJ2/ QR, respectively; each 
1s convemently referenced to the excitation voltage of the loudspeaker sound source. 
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variation of PR can also be predicted. The methodology can be easily extended 
to more than two simultaneously acting, con;elated forces.66 

The rec1procity is most useful in the early stages of design of arrcraft and 
ground vehicles, well before a flightworthy version of the aircraft or a roadworthy 
vers10n of the ground vehicle is available. Reciproclty helps the noise control 
engineer to find answers to some difficult questions: 

1. What will be the contribution of the structure-borne n01se at the engine 
firing rate to the noise in the passenger cornpartrnent? 

2. Which engine mount transmits most of the structure-borne noise? 

3. Which direction of vibration force is most critical? 

4. Which mutual phasing of forces acting on the individual engine-mounting 
points is most cntical? 

5. Most 1mportantly, what is the effect of changmg the design of engme­
mounting brackets on cabin noise?, 

Ali these questions can be answered w1thout applying known forces in three 
orthogonal directions to each of the engme-mounting brackets. 

Source Strength Identification by Reciprocity 

When it 1s not feasible to measure directly the strength of noise and vibratmn 
sources during the operation of vehicles, eqmpment, and machinery, reciprocity 
can be used to obtam them indirectly. This 1s accomplished by measunng the 
noise or vibration during the operation of the eqmprnent at a distant, accessible 
receiver location and-when the equipment is not operating--exciting lt at these 
distant receiver locations and rneasuring the acoustical or structural response 
at the source location, wh1ch 1s now accessible. The pnnciple is illustrated in 
Fig. 11.39. Common in the three problems shown m Fig. 11.39 1s the knowledge 
of the locat10n and nature of the excitation sources. Unk:nown are the1r magrutude 
and rnutual phase, which must be determined by observation of response to these 
sources at distant locations and by reciprocity expenments as described below. 

The upper left-hand side of Fig. 11.39 represents the case where the sound field 
m an enclosure is excited by two monopole sound sources of unknown strength 
and mutual phase Q1 (?) and Q2(?) (e.g., the openings of the mlet pipe leading 
to two cylinders of a reciprocating compressor). The first experiment, illusti•ated 
m the upper sketch, is the measurement of the magmtude and mutual phase of 
the sound pressure P3 and p4 at accessible distant locations 3 and 4 obtained 
when both sources were operatmg simultaneously. The rec1procal experiments, 
illustrated in the two lower sketches, are performed when the sources are not 
operational by placing a monopole sound source of k:nown volume veloc1ty Q 
at the former microphone locations 3 and 4 and measunng the magnitude and 
phase of the sound pressure produced at the two former source locations p13, 
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(C) .. ,, .. ~ 
FIGURE 11.39 Source strength identification utilizrng rec1proc1ty and superpos1t:J.on: 
(a) response measurements at distant locations with sources active and (b, c) reciproclty 
measurements, sources mactive. (See text for explanation of symbols.) 

PI4, and pz4. The phase of the sound pressure 1s referenced to the loudspeaker 
voltage. 

The sketches in the middle column in Fig. 11.39 illustrate a case where the 
sound field m an enclosure is produced by two forces .f'i and F2 of known location 
and direction but unknown magmtude and mutual phase, both actmg simultane­
ously at the enclosure wall (e.g., forces caused by a vibration isolation-mounted 
reciprocatmg or rotating machlne). In thls case, the reciprocal experiment yields 
the vibra~on velocity responses at the former force application points ï,i13, 

and V24, rneasured in the same direction as the force. 
. The situation shown m the sketch on the upper nght-hand s1de m Fig. 11.39 
1llustrates the s1tuat10n when the_ deterrnma_!ion of the unknown magnitude and 
mutual_ phase of the two forces F1(?) and F2(?) must be diagnosed (e.g., forces 
transnntted to a structural floor by a vibrat10n-1solated machlne). In this case, the 
reciprocal expenment is carried out by exciting the building structure at the two 
distant observat10n points 3 and 4 by known forces F3 and F4 and measuring the 
veloc1ty ~~sponses ii13, Ü23, and ii24 at the former force excitation points 1 
and 2. U~hzmg the princ1ple of reciprocrty and superposition yields the following 
pairs of lmear equations: 
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(11.155a) 

(11.155b) 

whlch can be solved for t~e two un1!1owns Q1(?) and {h(?). Similarly, the set of 
equations for obtarrung F1 (?) and F2(?) m the situation illustrated in the ce.à.ter 
sketches m Fig. 11.39 are 

P3 =Fi(?)[~:]+ F2(?) [~:] 

P4 (?) [~:] + F2(?) [~:] 

and for that illustrated m the sketches on the right 

N/m2 

N/m2 

h = Fi(?) [ j:] + F2 (?) [ i;:] N/m
2 

Fi(?) [j;] + F2(?) [;;] N/m
2 

(11.155c) 

(11.155d) 

(1 l.155e) 

(l l.155f) 

In the case of n unknown excitation sources, the prediction equations represent 
an n x n matrix. 

Extension of Reciprocity to Sound Excitation of Structures 

As illustrated m Fig. 11.40, the reciprocity relationshlp can be extended for sur­
face excitation of structures by an incident sound wave). Consider first a 
small part of the surface of a cylindrical body (such as an airerait fuselage) with 
surface area dA exposed to a local sound pressure of p1 as illustrated m the upper 
left sketc-h in Fig. 11.40 resulting m a local force of Fi p1 dA. For this force 
the reciprocity relationship shown m Fig. 11.36c yields 6..hi/Fi 6..vlR/QR, 
which for Fi = p1 d A and 2'. Q lR 2'. vlR d A becomes 

(11.156a) 

When the structure is exposed to a complex sound field distribution p1, 

Pn, as illustrated m the lower sketch, the resulting interior sound pressure at the 
rece1ver location, PR, 1s g1ven by 

(11.156b) 
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FIGURE 11.40 Extension of reciprocity'to oound excitation of structures. Top: Rec1-
proc1ty relationship for extemal pressure, p1, acting on a small area ( dA) of the structure 
and the resulting mtemal sound pressure, and structural response v1R produced 
by an mtemal point sound source of volume velocity QR located at the former rece1ver 
posttion. Middle: Substitution of volume velocity response .6.Qrn = dv 1R dA into the 
rec1proc1ty relationship. Bottom: Reciprocity relationshlp for external incident sound exci­
tation Pi and mternal sound pressure p R and volume veloc1ty responses of the structure 
.6. Q 1R produced by an mternal point sound source of volume velocity Q R. 

where ilie transfer fonctions I':,. Q 1 R / Q R represent the reciprocity calibration of tlle 
structure as a transducer. This extension of reciprocity by Fahy67 has ilie advan­
tage that the reciprocity calibration of ilie structure (in ilie forru of discret1zed 
transfer fonctions !':,.QiR/(2R) can be carned out with a capacit1ve transducer 
that directly measures the structure's local volume displacement !':,.QiR/Jw. To 
obtain suffic1entresolution. the side lengtll of the square-shaped capac1tive trans­
ducer used in measuring the volume displacement must not exceed one-e1ghth 
of tlle acoustical wavelength. Note that the bending wavelength m ilim, plate­
like structures is usually much smaller than the transducer s1ze so tllat the 
capacitive transducer acts as a wavenumber filter, accounting only for those 
components of the vibrat10n field that results in a net volume displacement. The 
high-wavenumber components, which result only m local near fields, are "aver­
aged out." The additional advantage of tlle capacit1ve transducer is tllat it does 
not influence tlle vibration response of the structure. 
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Rec1procity can also be used in predicting the sound pressure attributable to 
the complex vibration pattern of a vibratmg body in case where the radiated 
sound cannot be measured directly (e.g., other correlated vibral:lon sources dom­
inate tlle sound field). The reciproc1ty prediction proceeds m two steps. First the 
vibration pattern of tlle body is mapped dunng tlle operation of the eqmpment 
by measunng tlle vibration veloc1ty v, at a large number of locations. The phase 
of tlle velocity responses 1s referenced to tlle velocity measured at a des1gnated 
reference location. Next tlle machine is shut off and a point sound source of 
k:nown volume velocity Q 1s placed at the rece1ver location where • tlle sound 
pressure should be predicted and tlle sound pressure p1 produced by the pomt 
sound source at tlle vanous locations along tlle stationary surface of tlle body 
is measured. The phase of the pressure responses 1s conveniently referenced to 
the voltage applied to the loudspeaker sound source. The sound pressure at tlle 
receiver location, PR, attributable to thepenodic vibration of body is predicted as 

n - n 
'v - d p, ~ 'v "Q- NI 2 

PR L., v, Ai Q = L., u i Q m 
•=1 1=1 

(11.156c) 

where dA; is the area and I':,. Q; v,dA; is ilie volume veloclty of the ith sample 
of tlle vibrating surface. 

The solid line m Fig. 11.41 represents tlle directly measured sound pressure 
p R at a specific location m a room when a ilim plate was excited by a shaker to a 

FIGURE 11.41 Sound pressure response at a specific locauon m a room produced by a 
thin plate excned by a shaker to complex vibration pattern. Solid line: Directly measured 
transfer funct10n between sonnd pressure p R and excitation force F, phase is referenced 
to shaker voltage Ü Dotted line: Transfer funct1on predicted by measuring the magnitude 
and relative phase of the plate response, .6.Q, = îi, dA at i = 81 position dunng shaker 
excitation and the magnitude and phase of the sound pressure p, at the surface of the 
statlonary plate when a point sound source of volume veloc1ty QR 1s placed at the former 
rece1ver position and applying the reciprocity relationship PR :Ef,;,1 b. Q; (pd QR) (after 
Reference67). Top curve, magmtude of pressure: lower curve, phase spectrum of directly 
measured minus phase spectrum of predicted pressure. 
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complex vibratiop. pattern. The dotted curve represents the reciprocity prediction 
according to Eq. (11.156a) utilizing n 81 sampling pomts on the plate.67 The 
experirnental results mdicate the feasîbility of using rec1procity predict10ns in 
engineenng applications. 

Reciprocity in Moving Media 

Rec1procity requires that exchanging the function of the source and rece1ver 
should not result in any change m the sound propagation path. This 1s true only 
if the acoustical medium is at rest. As illustrated m Fig. 11.42, the propagation 
path between source and receiver remams the same if the exchange of source and 
receiver positions is accompamed by a reversa! of the direction of the uniform 
mean flow. In this case, or m the case of low-Mach-number potential flow where 
the shear layer is small compared with the acoustical wavelength, the reciprocity 
also applies in movmg media.68 Reversa! of potential flow is usually easy to 
accomplish in analytical calculations. However, in many expenmental situations 
where the shear layer is not small compared w1th the acoustical wavelength, 
rec1proc1ty does not apply. 
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FIGURE 11.42 Rec1procity m movmg media. Reversa] of the function of source and 
rece1ver must be accompanied by reversing the flow direcuon. Streamlines must remain 
unchanged to assure that the propagation path between source and receiver remams the 
same. 
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Fundamental questions regarding reciprocity are dealt with in references 69- 71. 
Analytical applications of reciprocity and superposition for prediating power input 
structures exclted by complex arrborne or structure-borne sources 1s presented m 
references 66, 72, and 73. Ship acoustics application of rec1procity are treated m 
references 74 and 75. 

11'.11 IMPACT NOISE 

There are rnany practical cases where the excitation of a structure can be repre­
sented reasonably well by the periodic impact of a mass on its surface. Footfall m 
dwellings, punch presses, and forge harnmers fall into this category. This section 
deals only with footfall n01se in buildings. For the, prediction and control of 
rmpact noise of machines and equ1prnent, the reader is referred to a senes of 10 
papers76- 85 that covers all aspects of impact n01se of machinery. 

Standard Tapping Machine 

A standard tapping machine86 1s used to rate the impact noise isolation of floors 
in dwellings. This machine cons1sts of five hamrners equally spaced along a line, 
the distance between the two end harnmers bemg about 40 cm. The hammers 
successively impact on thè surface of the floor to be tested at a rate of 10 times 
per second. Bach hammer has a mass of 0.5 kg and falls with a veloclty equivalent 
to a free-drop height of 4 cm. The area of the strik:ing surface of the hammer 1s 

approximately 7 cm.2; the strik:ing surface is rounded as though it were part of a 
sphencal surface of 50 cm radius. The impact noise isolation capability of a floor 
is rated by placing the standard tapping machine on the floor to be tested and 
measunng the one-third-octave-band sound pressure level L ~ averaged m space 
in the room below . 

Ao 
L p - 10 log dB re2 x 10- 5 N/m2 

Sfts,ab 
(11.157a) 

where L P = one-third-octave-band sound pressure level as measured, dB 
Sas.ab = total absorption in receiving room (see Chapter 7), m2 

Ao = reference value of absorption, =10 m2 

The phys1cal formulation of the problem of impact noise is that of the excita­
tion of a plate by periodic force rmpulses. Such periodic forces can be presented 
by a Fourrer senes consisting of an mfimte number of discrete-frequency com­
ponents, each with amplitude Fn, given by 

21T, 2rrn 
Fn =, F(t)cos-t dt N 

Tr O Tr 
(11.157b) 
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FIGURE 11.43 (a) Time function and (b) Fourier components of the force that a 
standard tappmg rnachme exerts on a massive floor. 

where Tr = 1/fr = 0.1 is the time interval between hammer strikes and n = 
1, 2, 3, .... The curve in 11.43a shows the time function of the force F(t), 
and that m Fig. 11.43b shows the amplitupe of its Fourier components. 

It is an expenmental fact that when the hammer strikes a bard concrete slab, 
the duration of the force impulse is small compared even with the period of 
the highest frequency of interest m impact testing. For less stiff structures, like 
wooden floors, this assumption is not valid and the exact shape of F(t) has to 
be determined and used in Eq. {11.157b). For a thick concrete slab the effective 
length of the force impulse 1s short enough so that cos[ (2:irn / Tr )t] ~ 1, and all 
components have the same amplitude. Because the mtegral in Eq. (11.157b) 1s 
the momentum of a single hammer blow (assuming no rebound) equal to mv 0 (in 
kg mis), the amplitudes of the Fourier components of the force for a repetitlon 
frequency fr are 

The velocity of the hammer at the instant of impact is 

vo y'2gh mis 

where h = falling height of hammer, m 
g = acceleration of gravity (9.8 mls2) 

(11.158) 

(11.159) 

Let us define a mean-square-force spectrum dens1ty S fo that when multiplied 
by the bandwidth will y1eld the value of the mean-square force m the same 
bandwidth, 

(11.160) 

1 
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For the standard tapping machine the numerical value of s10 is 4 N2/Hz. 
Accordingly, the mean-square force in an octave band 6.foct = f j,,/2 is 

479 

4 
F~(oct) = (11.161) 

The octave-band sound power level radiated by the nnpacted slab (which is 
assumed to be isotropie and homogeneous) mto the room below 1s calculated by 
inserting Eq. (11.161) mto Eq. (11.67a), which y1elds 

(11.162) 

where p = density of air, kg/m3 

c = speed of sound in air, mis 
Œract radiation factor of slab 

Pp dens1ty of slab material, kg/m3 

CL = propagation speed of longitudinal waves in slab matenal, mis 
r/p = composite Joss factor of slab 

t = thickness of slab, m 

Note that the sound power level ts independent of the center frequency of the 
octave, that doubling the slab thickness decreases the level of the noise radiated 
into the room below by 9 dB, and that the sound power level decreases with 
increasmg loss factor. 

lmprovement of lrppact Noise Isolation by an Elastic Surface Layer 

Experience has shown that the impact noise level of even an 8-10-in.-thick 
dense concrete slab is too high to be acceptable. A further mcrease of thickness 
to reduce impact noise is not economical. 

Impact n01se may be reduced effectively by an elastic surface layer, much 
softer than the surface of the slab, applied to the structural slab. The resilient 
layer changes the shape of the force pulse and the amount of mechanical power 
mtroduced into the slab by the impacting hammer, as shown in Fig. 11.44. 

We would expect, if the elastic layer is linear and nondiss1pative, that the 
velocity will be at its maximum v0 at the instant of impact t = O. It will then 
decrease to zero and the mass will rebound to nearly the same velocity (it is 
assumed the hammer is not penmtted to bounce a second time) according to the 
function shown by curve a of Fig. 11.44. The force funct10n is shown by curve b. 

The improvement in rmpact noise isolation achieved by the addition of the 
soft surface layer is defined in terms of the loganthmic ratio87 

F 
201og F1 201 (1 1- nfr/fo 1) dB 

og lcos[(n/2)n(fr/fo)] 
(11.163) 
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Slructurol slab / 

FIGURE 11.44 Veloc1ty and force pulse of a single hammer blow on an elastic surface 
layer over a rigid slab: (a) velocity pulse; (b) force pulse. 

where 

n = 1, 2, 3, ... 

fo _1 .rAh /!._ Hz 
2:rcVmVh 

F', F = forces acting on slab w1th and without resilient surface layer, 
respectively, N , . 

•• ·$ 

Ah striking area of hammer, m2 

m mass of hanrmer, kg 
E = dynamic Young's modulus of elastic matenal, N/m 
h = thickness of layer, m 

(11.164) 

(11.165) 

The charactenstic frequency fo of an elastic surface layer for the standard tapping 
machine is plotted in Fig. 11.45 as a funct10n of E / h. 

Equation (11.163), which assumes no damping, is plotted in Fig. 11.46 as a 
function of the nonnalized frequency f / fo. Below f / fo 1, the miprovement 
is zero. Above f / fo 1 the improvement increases with an asymptotic slope of 
40 dB/decade. 

Figures 11.45 and 11.46 (use the 40-dB/decade asymptote) permit one to select 
an elastic surface layer to ach1eve a specified !::,.Ln. 

Example 11.6. The required 1IDprovement in impact n01se isolation should be 
20 dB at 300 Hz. Design a resilient covering for the concrete slab. 

Solution From Fig. 11.46 we obtain f / fo ;::;:, 3, which gives fo = 100 Hz. Enter­
mg Fig. 11.45 with this value of fo y1elds E / h = 2.8 x 108 N/m3 

( or E / h ;::;:, 
1000 psi/in.). Any matenal having this ratio of Young's rnodulus to thickness will 
provide the required miprovement If we w1sh to select a 0.31-cm- (½-in.-) thick 
layer, the dynamic modulus of the material should be 8.7 x HP N/m2 (8000 psi). 
Since the dynamic modulus of most elastic materials is about twice the statically 
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FIGURE 11.45 Chart for the selection of an elastic surface layer, where fo = charac­
tenstic frequency, E Young's modulus, and h thickness of layer. 
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FIGURE 11.46 Improvement m impact n01se isolation /",.Ln versus normalized fre­
quency for a resilient surface layer (select fo to y1eld desired improvement). 
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5 2 measured Young's modulus,88 a matenal w1th E::::4.35 x 10 N/m (4000 psi) 
should be selected. 

Frequently used materials for the elastic surface layer are rubberlike materials, 
vinyl-cork tile, or carpet. The impact isolation improvement curve (D,.Ln vs. 
frequency) has been measured and reported89 for a large variety of elastic surface 
layer configurations. 

The expected normalized impact sound level m the room below (see Fig. 11.1) 
for a composite floor (w1th a heavy structural slab) is that of the bare concrete 
structural floor minus the 1mprovement caused by the elastic surface layer, that 1s, 

Ln,comp Ln,bare - b.Ln (11.166) 

where 

( 
pcarw ) 

Ln,bare(oct) = 116 + 10 log 5 1 2 3 
• PpCL'f]pt 

dB re2 x 10- 5 N/m2 (11.167) 

for homogeneous isotropie slabs, 
Measured values of impact noise isolation of a large number of floor con­

structions and improvement of impact noise isolation by vanous surface layers 
are presented in reference 89. ···- .i 

lmprovement through Floating Floors. It is often more practical to use 
a floating floor above a structural slab than a soft resilient surface layer. The 
advantages are that (1) both the impact noise isolation and the airbome sound 
transnussion loss of the composite floor are 1mproved and (2) the walking sur­
face is hard. For analysis, floating floors can be categorized as either (1) locally 
reactmg or (2) resonantly reacting, as defined below. 

Local/y Reacting F/oating Floors. A locally reactmg floor 1s one where the 
impact force of the hammer on the upper slab (slab 1) is transrmtted to the 
structural slab (slab 2), primarily in the immediate vicinity of the exc1tat1on 
point, and where there is no spat1ally homogeneous reverberant vibration field 
on slab 1. In thls case the bending waves m the floating slab are highly darnped. 
If the Fourier amplitude of the force acting on plate 1 1s given by Eq. (11.158), 
the reduction m transrmtted sound level is87 

(11.168) 

where 

(11.169) 

1 
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and Ps1 = mass per unit area of floating slab, kg/m2 

s' dynanuc stiffness per unit area of resilient layer between slab 1 and 
slab 2 mcluding trapped air, N/m3 

Resonantly Reacting F/oating Floors. If the floating slab is thick, ng1d, and 
lightly darnped, the impact force of the hammers excites a more-or-less ,;patially 
homogeneous reverberant bending wave field. 

The improvement in impact noise isolation at higher frequenc1es, where the 
power diss1pated in slab 1 exceeds the power transrnitted to slab 2, can be approx -
imated by87•90 

(11.170) 

where h 1 thickness of floating slab, m 
cL = propagation speed of longitudinal waves in floating slab, mis 

l • . ' 2 
Psi = mass per unit area of floating slab, kg/m 
111 loss factor of floating slab 
n' number of resilient mounts per umt area of slab, m2 

s = stiffness of mount, N/m 

Equation ( 11. 170) indicates that, in contrast to the locally reacting case whe:e 
D,.Ln increases at a rate of 40 dB for each decade increase m frequency, the 
increase is only 30 dB/decade if the loss factor of the floatmg slab 111 1s frequency 
mdependent. Another difference 1s the marked dependence ofl::.Ln on thls loss 
factor. The loss factor is deterrnined both by the energy diss1pated in the slab 
matenal itself and by the energy diss1pated in the resilient mounts. 

Figure 11.47 shows the improvement of a floating-floor system under m1pact­
ing by a standard tapping machme and lugh-heel shoes, respectively.91 The 
negative 1mprovement in the vicirnty of the resonance frequency fo can be 
observed. 

Impact Noise Isolation versus Sound Transmission Loss 

Whether a floor 1s excited by the hammers of a tapping machme or by an airbome 
sound field in the source room, it will m both cases radiate sound mto the 
receiving room. There is a close relation between the arrborne sound transrmssion 
loss R and the normalized impact n01se level Ln for a g1ven floor. 

In the case of acoustical excitation, the sound power transrmtted to the receiver 
room comprises the contribution of forced waves and of resonance waves. The 
forced waves usually dominate below the cntical frequency of the slab and the 
resonance waves above. The sound power transrnitted by excitlng the slab by 
a standard tapping machine is made up of the contributions of the near-field 
component and of the reverberant component. 
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FIGURE 11.47 Improvement m rmpact n01se isolation D.L,, for a resonantly reacting 
floating floor for excitation by (a) a standard tappmg machme and (b) hlgh-heeled shoes. 
Note the negative D.L,, m the v1clillty of the resonance frequency. (After Ref. 91.) 

The relation between sound transnussion loss R and normalized impact noise 
level, assuming measurement in octave bands, 1s92 

$ 

Ln +R 

84 + lülog [S10! ( p/(2n:p;c) + pcŒ,ad/(2.3p;cLWTJph) )] dB 
..Ji n:pc/(w 2 p';) + n,.J0,c 3pŒiao./(2p;cLW3 TJph) 

(11.171) 

where Ps = mass per unit area of slab, kg/m2 

CL = propagation speed of longitudinal waves in slab, mis 
am = radiation factor of slab 

h = thickness of slab, m 
T/ P = composite loss factor of slab 

S 10 mean-square force spectrum density as given m 
Eq. (11.160), N2/Hz 

In the special case of a thick, lightly damped slab, 

Ln + R 43 + 30 log f IO log Œract !:!,.Ln (11.172) 

where !:!,.Ln represents the effect of the surface layer only. For a bare structural 
slab, by defimtion, !:!,.Ln = O. 

Equation (11.172) states that the sum of the airborne sound· transmission loss 
and the nonnalized impact noise level is inde pendent of the physical characteristics 
of the structural slab above the critical frequency of the slab where O'ract R:o 1. 
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Below the coincidence frequency where the forced waves control the airbome 
sound transmission loss but the impact noise ISolation 1s still controlled by the 
resonant vibration of the rmpacted slab, Eq. (11.171) y1elds92 

R +Ln= 39.5 + 20logf 

where AL,. 
fc 

effect of surface layer only (zero for structural slab ), dB 
critical frequency of structural slab, Hz 

(11.173) 

In this case, the sum R + Ln decibels depends on the phys1cal characteristics of 
the slab and frequency. Figure 11.48 shows the measured sound transmission loss 
R and normalized impact sound level Ln as well as their sum for a typical floating 
floor. The measured and predicted values for the sum are in good agreement, 
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FIGURE 11.48 Measured sound translillssion loss R and normalized rmpact sound level 
Ln and therr sum (R + Ln) of a resonantly reacting floatmg floor assembly. Dotted curve: 
R + Ln predicted by Eq. (11.172). (After reference 92.) 
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indicatmg that the precautionary measures tak:en to elinunate flan.king have been 
successful. 

In checkmg out the perlormance of floatmg floors m the field, it 1s adv1sable 
to measure both R and Ln. The discrepancy between the measured R and that 
calculated from Eq. (11.173) 1s a direct indication of flankmg. By measunng the 
acceleration level on the wall surlaces m the source and receiving rooms during 
acoustical and impact excitation, the flan.king paths can be immediately identified. 

The measurement and rating of the impact noise isolation of floor assemblies 
is prescribed in ASTM E492-90 (1996), ASTiv1 E989-89 (1999), and ASTM 
E1007-97. 
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TABLE 11.l Speeds of Sound in Solids, Defonnation of Solids for Different Wave 
Types, and Formulas for Propagation Speed 

&(x) 

GK~]x [ ae 1 
;BK"ix x+b.x 

--- ' ' 

lIIillJJJilIIil 
f,--

~ 
~.--J 

Longitudinal Waves Bar 

CL= ✓EfpM 

Infinite plate 
c~ = j,.-E-,-/[p_M_(I ___ v_,,2-)] 

lnfinite solid 
,, ~(=E-c-/ P-M..,..)=(1---v~) 

CL (1 + v)(l-2v) 

Shear Wave 

Cs ✓G/pM G = E/(2+2v) 

Torsional Wave Bar 

cr= jGKfpMI 
Cs for rods of circular 

cross section 

Bending Wave Plate 

CB = -:/co2 B/Ps 

Young·s modutus E, N/m2
, relates the stress S (force per umt area) to the strain (change m length per 

unit length). Poisson· s ratio v is the ratio of the transverse expansion per umt length of a circular 
bar to its shortemng per umt length, under a compressive stress, dimensionless. It equals about 0.3 
for structural matenals and nearly 0.5 for rubberlike matertals. The density of the matenal is PM, 
kg/m

3 
Ps 1s mass per umt area (kg/m2) for plates and mass per unit length (kg/m) for bars, rods, 

or bearns. The shear modulus G 1s the ratio of shearing stress to sheanng strain, N/m2 I 1s the 
polar moment of mertia, m4 The torsional stiffness factor K relates a twist to the sheanng strarn 
produced, m

4 
The bending stiffness per unit width B equals Eh 3 /[12(1 v2)] for a homogeneous 

plate, N•m, where h 1s the thickness of the bar (or plate) m the direct10n ofbending, m. For rectangular 
rods B = Eh

3
w /12, where h is the cross-sectional dimens10n in the p,lane of bending and w that 

perpendicular to it {and width), rrt 
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TABLE 11.2 

Material 

Hôllow cinder 
with L6 cm 
sand pl aster, 
nominal 
thickness 
15 cm (6 in) 

Hollow dense 
concrete, 
nominal 
15 cm (6 in.) 
thick 

Hollow dense 
concrete, 
sand-filled 
voids, 
nominal 
15 cm (6 in.) 
thick 

Solid dense 
concrete, 
nominal 
10 cm (4 in.) 
thick 

Gypsum board 
l.25-5 cm 
(½-2 in.) 
tllick 

Plaster, solid, 
on metal or 
gypsum latbe 

Fir timber 
Plywood 

0.6-3 12 cm 
(½-2 in) 
thick 

Wood waste 
material 
bonded witll 

23 kg/m2 

(5 lb/ft2) 

(continued) 

Density 

PM, kg/m3 

900 

1100 

1,700 

1,700 

650 

1,700 

550 
600 

750 

Young's 
Modulus 
E, N/m2 

C -

C ----

of 
Poisson Sound 
Ratio v cL, mis 

C 

C 

_c 6,800 

_c 3,800 

Product of Surface 
Density and Ciitical 

Frequency Ps le 

Hzkg/m 2 Hz·lb/ft 2 

25,500 5,220 

23,000 4,720 , 
l 

</. 

42,200 8,650 

54,100 11,100 

20,000 

24,500 

4,880 
12,700 

73,200 

TL at 
Critical 

Frequency 
R(fc), dB 

460 

45.0 

50.ü 

525 

4,500 

5,000 

1,000 
2,600 

15,000 

Interna! 
Damping 
Factor for 
Bending at 

1000 Hz, r/° 

0005-002 

0.007-0.02 

Varies with frcquèncy 

450 

45.5 

315 
40 

550 

0.012 

0.01-0,03 

0.005-0 01 

0 . .04 
0.01-0.04 

0.005-0 .. 01 

Acoustical-
Mechanical 
Conversion 

Efficiency 11am, 

Eq. (11.66) 
C 

--

C -

9 X 10-3 

aThe range in values of '1 are based on fünited data. The lowei values aie typical fm material alone whilc the higher values are the maximum observed 0!1 

in place 
Joss faclois for structures of thesc mateiials are sensitive to construction techniques and edge conditions 

cThe parameter eithe1 is not meaningful or is nol available 
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TABLE 11.3 Driving Force Point Impedance of lnfinite Structures 

Element 

Bearn, in 
compression 
Semi-infinite 
Infinite 

Bearn in bending 
Semi-infinite 
Infinite 

Thin infinite 
Vertical force 
Horizontal force 

(in 

Thin semi-infinite 
plate 

Picture 

s 
!...[JL 

s 
{ ©➔ 

l s 

g:__JID; ..,... r 

~ 
-2r-

•t~ T 2r 

Equivalent Mass 
[see Eq. (11.19)] 

li}ln 

1 ® 1 

s 
[ @ 1 

)..,Jx 

--'.fi_~!! ...... 
211:. 

1 ® 1 s 

1 ~ 1 
--~B--

it 

j_ 

~ 
hl~ 

=r-":=J 

2r 

lF 

~~ 
.Ëf 

~t 

Driving Point 
Force Impedance 

Zp = PMCrS 

'ZF = 2pMcrS 
.i. 

Zp = ½(l + j)pMSCB 

ZF = 2(1 + f)pMSCB 

ZF = 8JB 1pMcrh 

= 2 3pMc1h 2 

1 - n:j 
Zp - 4Gh 

~ µ ) x 
2 

+ jH 

Re{l/Zp) = [nr (/) + 

Zp = 3 sJB 1pMh 

""'PMCL h
2 

Range of 
Validity 

S < (.l../4)2 

S < (ÀB/6)2 

2r > 9S/Às 

h < ÂB/6 

2r > 3h 

Auxiliary 
Expressions and 

Notes 

Cr=ff 
PM 

s cross .. sectional area 

À, lQ;•; 
f 2(1 + V)PM 

r radius of contact area 

CB = ( ::f y/4 

v = Poisson Ratio 

ÀB = CB/f 

1 polar moment of incttia 

B' ( Eh
3 

) 
12(1 v2) 

11, » 2:rrr > 10h 1 ✓ E 
À, f 2(1 + V)PM 

h < ÀB/6 

2r > 3h 

H=K+L 

K = (l - µ) ln G:) 
Às 

L =21n 

n r ( /) = longitudinal 
modal density 

n r(f) = sheru modal 

density 

M = total mass 

À1 = ci.If 
À,= 

ÀB = en/! 

( continued over leaj ) 
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TABLE 11.3 (continued) 

Element 

Beam-stiffened 
infinite thin plate 

Infinite string 

Semi-infinite plate, 
in-plane 
force 

Infinite corrugated 
plate 

Picture 

~ b 

h 

l 

Equivalent Mass 
[see (11.19)] 

....._fiÂBb_... 
1t 

L WJJ 1 - ~,s 
High Frequency 
Approximation 

~ ,F /FT 
-T~o/, 

À, ln 
~ 

o 'lp, o 

-V 
-!~ 

± ~ __... 
y 

2r 

~~~ 
7~1" 

0.16 ÂL h 

2aD+ 

Q3';· 
0.9(lB/2,) 

~ 

Driving Point 
Force Impedance 

(l - j)k' 
Zp 4 , 

P,W 

Zp ~ ZFB 

= 2(1 + j)pMSbcB 

j 
<)\ 

ZF 2,,/pÏFy 

1 
Zp = :rr:Eh Ioga 

+ :':'.. (_!_ + .!.) 
4 D S 

Zp = 8[(pMh) 2 S « ÀB 

X BxBy]l/4 

of 
Validity 

Sb < (Às/6)2 

2r > 9Sb/ÀB 

D 

Auxiliary 
Expressions and 

Notes 

P; = PMSB + 2pMh/ kp 

( 

1 )1/4 
k' ~ ü}f2A 

A - l . PMh - -1--
Zp/kp 

kp = plate-bending 

wavenumber 

B Eh 3b/3 

s = kb/kp 

c~ = 

pz mass per unit length 

F1 tension force 

2v) 

S= Gh 

G = shear modulus 

Eh 3 

By 12(1 

fc1 _Q_ PMh c2M 
2:rc s:· 

(Ex 
= fc1fii; 

s 
S'By 

( continued overleaf) 
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TABLE 11.4 Moment Impedance ZM of Infinite and Semi-Infinite Structures 

Element 

Semi-mfuùte beam 

Free end 

Pinned end 

Infimte beam 

Infimte 
homogeneous 
isotropie plate 

Serm-mfinite 
homogeneous 
isotropie plate 

Atjomt of 
homogeneous. 
isotropie plates 

Pieture 

œ______.~ 

î--~ 
5~ ~ 

@ 

Auxiliary expressions and notes: 

Pt = mass per umt length (kg/m) 

Driving Pomt Moment Impedanee 

(1 j)p,ci(f) 

81r2f2 

(1 - j) p,c1 (f) 
47r2f2 

(1 j)wiU) 

2n-2f2 

21rf[(l - j)l.27 ln(k8 a/2.2)] 

21rf[(l -j)3.35ln(kr/3.5)] 

Puc7,h3 {l [(1 + j)l.271n(kb/2.2)] 
75.4f 

6 
l+(l.271nkb/2.2) 2 

12 [ (1 + j)3.35 ln(kr /3.5)]} 
+ 1 + (3.35 lnkr /3.5)2 

c8 (J) bending wave speed (mis) in bending, $J(EJ/p 1) 114 

E Young's modulus(N/m2) 

I = area moment of inertla m bending(m4) 

f frequeney 

PM = material density(kg/m3) 

ks(f) = 21rf /cs(f) bending wavenumber 

h = plate thiekness 
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TABLE 11.6 Power Input to Structures 
,-

Power Input to Jnfinite Element Finite Elements 
--------

Velocity or 
Force or Angular Onset of 

J 

Moment Velocity Infinite Auxiliary 
Element Picture Excitation Excitation Behavior Wfin/W;nf Expressions 

-------- - -----

Bearn in 

{if F:V 
CJ. = fiTp;; 

longitudinal wave ' 
motion; force m } J.Fï2 

4Jvl2 SpMcz 
ncr, 4 l = length 

velocity excitation 4pMScL 
Cù>- - Joss factoI 

s 'f/l n 'f/ 1) 

Q = torsion constant 
""'".' G = shear rnodulus 

Bearn in torsion 
moment or angular ~ 

JMl2 

41812✓GQJ nc1 4 J = mass moment of 
w> --

velocity excitation 4GQJ 1Jl Jf'f} inertia per unit length 

~---- -------- /M{;~-
.fii.~ 

-------- Cr 

Bearn in bending; 1ftl2 4,J:ï 
force or velocity {@ f Jill2 SpMcBU) 

4ncB(j) = torsional wavc speed W> ------
excitation SpM/:,'cB(f) 11l ll'I'/ PM= density 

s E = Young's modulus 
----

.--.. . I = second moment of 

~ 
t,) 

Bearn in bending; 
moment or angular 

r)M,0 IMl2cB(J) 1012El 4ncB(f) 2✓i inertia 

{®_ f W> -- é = angular velocity 
velocity excitation SEI c11(f) 1)1 Ti/) 

s ✓-w[!!{II ,_ ----- ------- q Cs 

Plate in bending; 
PMS 

force or velocity 1fi'21 
4v 2JBpPMh rv > 'f/l~l; ✓ ::h 

32/ 1l2 w = bending wave speed 

excitation 16/BpPMh n 21)({f + l}) CB 

IF21 115v 2 PMh2
cL 

B - h3 E' 

== P - 12(1 - v2) 

4.6ph 2cr s arca 
-~ 

( continued over leaf) 



~ TABLE 11.6 (continued) 
.i:,. 

~ 

Element 

Plate in bending; 
moment or 
velocity excitation 

Thin-walled 
in bending; force 
excitation 

Plate in bending; 
multiple force 
excitation, equally 
spaced 

Picturc 

A 

r,M,0 h 

".0..,7 

" 
!F Î h f 

! 2r 

+ 

f1 ~n 

+ i if f h 
..._......,__.. j 

2a 1 

TABLE 11.6 (continued) 

Element Picture 
~ 

,... 
Plate in bending; 

~ arca velocity 
excitation 

t 

-------

,... 
Elastic half space; { single force 

77777777 

~ ~ 

Blastic half space F= EF1 
equal multiple 7J})J,t7 forces a lino, 
eqnally 

.... _..- ____ 

l 

Power Input to Infinite Element Finite Elements 

Force or 
Moment 

Excitation 

Velocity or 

Velocity 
Excitation 

Onset of 
Infinite 

Behavior 

"" 
4JJl2Bp 

for r > h 
w 1+ -ln - --- -1 [ 4 (wr) 8 ( h )

2

]

2 

rr es rr(l - v) nr 

8 
l w > 
J 

F2 /(16rrpMrhy'Ciro5) 

for f < 0.123c1.h/r 

F2✓V/(2+ V)/(wp,2À 2/n 2) 

for f > 0.123crh/r 

(z)/z] 2 /(I6JBppMh) 

Power Input to lnfinite Element 

Ve1ocity or 
Force or Angular 
Moment Velocity 

Finite Elements 

Onset of 
Infinite 

Excitation Excitation Behavior Wfinite/ W;nf 

v2 ~ PMcs(r+0 .. 8Às)h 

' 

.. ,,,,_ ---------

48F 2 
---
WPMnÀ; 

16F2 

WPMlÀ; l > Às/
2 

Wfin/W;nf 

Auxiliary 
Expressions 

' 

À,,= 

V wr /cL 

Àp bending wavelength 

in equivalent 

thiclmess plate 

P, = PMh 

Z 2na/Às 

/1 = Bessel function of 

mdcr 1 

Auxiliary 
Expressions 

'ù/PM/t shear 
wavelength 

---------

(continued overleaf) 
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TABLE 11.6 (continued) 

Element 

Infinite plate 
excited by 

Monopole 

Lateral dipole 

Petpendicular dipole 

----------r---

Picture 
-----

~ 
l' -~ + -

i 
y f 00 

~ 

+of 

o Infinite Element Power Input te 
Nearby Monopole , and Dipole Excitation 

---

w; !:::: Q2
(poco)2 

mon - (fc/( 
Re{Y00 } 

-- 1 

x exp 
Co 

✓ut - 1) , f < fc 

' y« Ào/4 
, 
f 

(1, 

fluid loa 

Ww ~0.5(kB d) 2 
Wmon, f < fc 

4 • Ot d 
y f Wpu Wmon(ksd)2[ (f / fc)]2 (for / < f, 

~ 1 and tluid ]oading) 

Auxiliary 

Q rms volume 

velocity 

Y 00 = point force 

admittance 

k n free plate 

bending wavenumber 

f, = critical coincidence 

frequency 

TABLE 11.7 First Resonance Frequency, Mode Shape and Modal Density of Finitc Structures 

Boundary First Resonance Mode Shape Modal Densityh Auxiliary 
Element Picture Conditionsa Frequency ef>(x,y,z) n(w) Formulas 

--
Bearn in s f-f 

cr/2l 
cos(mrx/ l) 

[jT(C1. K = Jf}S' 
compression ---i-~ 

~ 
c-c sin(nT(xj l) radius of gyration 

F l 

kn J2T(fn/C1K 
Beamin 

~ 
p-p (n/2)(Kcr/l 2) sin(knX) l 1 
f-f (l/2:rr)(4 73/ l) 2KC[ 

} See ref 19 
----
2T( ✓wKcr 

c-c (1/2]"()(4 73/ l) 2KC[ a/b = aspect ratio _._ 
c-f (l/2:rr)(l.875/ t)2Kcr 

h= thickness, m 

Rectangular ffff a/b 1 1.5 2.5 s area, m2 
' 

plate in fl 3 .. 33 3.31 2 . .13 See ref 19 
5050 m/s ssss Crsl 

bending ecce C1 4.88 5.28 7 . .1 
8.89 10.0 14.6 c L = longitudinal 

li 103
C1 (h/S)(c1 wave 

(contfoued over leaj) 
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TABLE 11.7 (continued) 

Boundary First Resonance 
Element Picture Conditionsa 

Membrane 

8 
See ref. 18 

F' 

String 

~ 
c-c ne,!/ 

_l_...... 

Rectangulm Hard co/2/max 
air volume walls ,,(] 

X l, 

free; s simply supported; c = clamped; p = pinned 
= n(f)/2n, S 2(lxlY + lxl, + lylz), L = 4(/x + ly + l,) 

Source: After reference 19 

TABLE 11.8 Radiation Efficiency of Vibrating Bodies 

Body Picture 
~--

Small pulsating body 

* 
(ka)2 

1 + (ka) 2 

Small oscillating 

0 
(ka) 4 

rigid body 4+(ka) 4 ' 

see Fig 1114 

Pulsating pipe 

* 
2/nkoall/1 (koa)l2 

for (n /2)koa:S2/n 

Oscillating pipe or 

f1t 
2/nkoalH1 (koa)l2 , 

rod see Fig 1115 

O'rad 

Mode Shape Modal Densityh Auxiliary 
</)(x, y, z) n(w) Formulas 

See ref. 19 s F' tension per 
2:rtcm unit length 

Ps mass per 
unit area 

Cm 

l 
sin(nn.x/ l) l/nc, c, 

~ 

F tension force 

Pt mass pe1 

(
nxnx) (ny:rr:y) (tlz1t:Z) unit 

cos -- cos -- cos --
lx ly l, V 

{J)
2 V Sw L Co of sound 

n({J)) = -- + -- + --
2n 2c5 4nco 16nco n 1, 2, 3, 

Auxiliary Expressions 

co = speed ot sound 

ko = 2nf/co 

a = source radius 

H1 = Hankel function, 

second kind, order 1 

ko =2nf/co 

= first derivative 

of H1 in 

respect of its argument 

(continued cwe, leaj) 



~ TABLE 11.8 (continued) ::, 

Body 

Circular pipes in 
bending 

Rectangular and 
elliptic beams iu 
beuding 

Infinite thin plate 
supporting free 
bending waves 

Picture 

~ B 

~ 
Finite thin plate çqI.m..._ 
supporting free 

li bending waves; plate 
surrounded by rigid "--1 

baffle 

TABLE 11.8 (continued) 

Body Picture 

O'rad Auxiliary Expressions 

•l 
zero; 

f < f, 
k~=k5-k1 

(koa)3[1 - (f,/f)]; f > f,;kda « 1 
ks = 2rr/Às 

f, = critical 
I; f > f,; koa » I 5 frequency where 

ks = ko 

See ref 22 

/ 
<i, 

0 for f < f, 
!/[! - (/c/ /)] 112 for / > /, 

Pco f, = critical frequency 
rrSf, ./TlTcc1; f < f, See Eq 11.94 

'" À,= co/f, 

0 45(P /Àc)112 (Lmin/ Lmax)114; f = f, S = LmaxLmin = area 
(one side) 

(1 - f,/f)-1/2; />! 3/, P = 2(Lmax + Lmin) = 

1;/ :':: 1.3/, 
perimeter 

/3 = (f/f,)1/2 
.. 

Œrad Auxiliary Expressions 

- { ((4/rr4)[(1 - 2/32)//3(! - /32)1/2]) ; f < 0.5.f, 
gi (/3) - 0 ; f > O. 5 f, 

01 .... 

Thick finite plate 
supporting free 
bending waves 

Infinite plate 
sound-forced waves 

Finite square-plate 
oblique-incidence 
plane sound wave 
excitation 

Finite square--plate 
diffüse-sound-field 
excitation 

_ (-1-) (1 -- {32) ln[(!+ /3)/(1 - /3)] + 2/3. 
g2 (/3) - 4rr2 (1 _ /32)3/2 ' 

p Co {li 
O"ract = S n:2 fJ 

045JP/Ào forf~fb 
1 for / » {b 

ap=l/coscp 

Œp = min { A[(kof 2)Js] for O. U 2 < S < 0 4À2 
1/cosq; 0 0 

Œp = min { [(O 5J<<P/
9
Dl J ko/ 2Js] forS > 0 4À6 

1/ cos q, 

Œp = 0 5[0 2 + ln(ko✓.s')] for koJs > 1 

_. Source: After references !, 23, and 28 

1
1 for simple supported 

Ci= edges 
{32 exp(lÜÂ,/ P) for 

clamped edges 

Seo 
lb= f, + p 

P = perimeter 

cp = incidence angle, 
degrees 

A= (0 5)(0 8)<<P/9ül 
Cl= 1 - 0 34</J/90 
k0 = 2rr/Ào = 2rr//co 
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TABLE 11.10 USS Ganges and Weigthts of Steel Plates 

Stainless Chrome 
Steel Galvanized Steel Stainless Chrome Alloy Nickel Monel 

USS Gange Rev USS Gange USS Gange USS Gange USS Gauge 

Thickness Sutface Weight Thickness Surface Weight Thickness Surface Weight Sutface Weight Tbickuess Surface Weight 
---

Gange in. mm lb/ft2 kg/m2 in. mm lb/ft2 kg/m2 in. mm lb/ft2 kg/m2 lb/ft2 kg/m2 in. mm lb/ft2 kg/m2 

32 0 01 0254 0013 0330 0563 2 75 0.01 0254 0418 2 .. 04 0427 208 
31 0011 0.279 0.014 0 356 0594 290 0.0109 0 277 0.45 2.20 0459 2 24 
30 0.012 0.305 0 5 2 44 00157 0.399 0656 320 0 0125 0318 0 515 2.51 0.525 2.56 
29 0.0135 0.343 0 563 2.75 O . .û172 0.437 0 .. 719 3.51 0 014 0..356 0579 2 83 0.591 2.89 

28 0 0149 0 378 0.625 3.05 0.187 750 0.781 3 81 0.0156 0 396 0 .. 643 3J.4 0.656 3 20 
27 00164 0417 0 .. 688 336 0 0202 0 513 0 844 4 12 0.0171 û..434 0.708 3.46 0 721 3.52 
26 0 0179 0 455 0.75 3.66 0.0217 0.551 0.906 4.42 0.0187 0.475 0.772 3 77 0.787 384 0 0187 0475 0.827 404 
25 0 0209 0.531 0.875 4 27 0.0247 0.627 1031 503 0 0218 0 554 0 901 440 0918 448 0 .. 0218 0.554 0.965 4 71 

24 0 . .0239 0 .. 607 1 4.88 0.0276 0.701 1156 5 64 0 .. 025 0 635 1 03 5.03 105 5.13 0025 0 635 LI48 5.60 
23 00269 0 .. 683 1.125 5 49 0 0306 0 777 1281 625 0 0281 0 . .714 1 158 5.65 1 181 5 77 0 0281 0.714 1.1286 5 51 
22 00299 0.759 125 6 10 O. 0336 0 853 1.406 6 86 0 0312 0.792 1.287 6.28 1.312 641 0.0312 0792 1424 695 
21 0 0329 0 836 1.375 6 71 0.0366 0 930 15'31 7.47 0.0343 0.871 1416 6.91 1.443 7.04 0.0343 0871 1.562 7 .. 63 

20 0.0359 0.912 1.5 7.32 0 .. 0396 1.006 1.656 808 0.0375 0.953 1 545 7 54 1 575 7.69 0.0375 0 953 1.7 8 30 
19 0.0418 1.062 1 75 8.54 0.0456 1158 1906 9.31 0.0437 1.110 1802 8.80 1.837 897 0 .. 0437 1110 1 975 9.64 
18 0.0478 1.214 2 9.76 0.0516 1311 2.156 10.53 005 1.270 2.06 10.06 2.1 10.25 0.05 1 270 2.297 ll 21 
17 0 0538 1.367 2 25 10.98 0.0575 1461 2406 11 75 0 0562 1.427 2 317 1131 2362 1153 0 0562 1.427 2.572 12 56 

(continued over/eaf) 
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TABLE 11.10 (continued) 

Gauge 

16 
15 

13 

12 
11 
10 
9 

8 
7 

Stainlcss Chrome 
Steel Galvanized Steel Stainless Chrome Alloy Nickel Monel 

USS Gauge Rev. USS Gauge USS Gauge USS Gauge USS Gauge 

Thickness Surface Weîght Thickness Surface Weight Thickncss Surface Wcight Surface Weight Thickness Surface Weight 

in. mm lb/ft2 

0 0598 1 519 2.5 
0 0673 l 709 2 812 
0 0747 l 897 3 125 
0 . .0897 2 278 3.75 

0 1046 2.657 4.375 
0 1196 3.038 5 
0 1345 3 416 5.625 
0.1497 3.802 6.25 

0 1644 4176 6.875 
O. 1793 4 . .554 7.5 

kg/m2 in. mm lb/ft2 kg/m2 in. mm lb/f!2 p kg/m2 lb/ft2 kg/m2 in. mm lb/ft2 kg/m2 

12 21 0 0635 1613 2.656 1297 0 062~ 1 588 2 575 12 57 2625 12 82 0 0625 1588 2.848 13 90 
13.73 0.071 1803 2969 1449 0 0703 1 786 2 896 14 14 2953 14.42 0 0703 1 786 3 216 15.70 
15..26 0 0785 1 994 3 281 1602 007~ 1 984 3.218 15.71 3 281 1602 00781 1984 1583 17 49 
18.31 0 0934 2.372 3 906 19.07 0.0937 2.380 3862 18.85 3.937 19.22 0.0937 2 380 4.272 20.86 

21 36 0.1084 2 753 4.531 2212 01093 2.776 4.506 2200 4593 2242 O. 1093 2 776 5.007 24.44 
24.41 0.1233 3 132 5.156 25 17 0.125 3 175 5 15 25 14 5.25 25.63 0125 3 l 75 5.742 28.03 
27 46 0.1382 3.510 5 781 28 22 0 1406 3 571 5 793 2828 5906 28 83 01406 3571 6431 31.40 
30 51 0 1532 3.891 6.406 31.27 01562 6437 43 6562 3204 0 1562 3.967 7 166 34.98 

33.56 0 1681 4 270 7 031 3433 0 1718 4 364 7 081 34 57 7218 35 24 0 1718 4 364 7 855 38.35 
36.62 0 1875 4. 763 7 59 3705 7752 37 85 0 1875 4 763 8 59 4194 
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CHAPTER 12 

Enclosures, Cabins, and Wrappings 

ISTVAN L. V
1
ÉR 

Consultant in Acoustics. Noise, and Vibration Control 
Stow, Massachusetts 

Thls chapter deals with the acoustical design of enclosures, cabms, and wrappings. 
Acoustical enclosures are structures that house a noise source (usually a rnachlne) 
for protection of the envrronrnent from the noise ein1tted by the source. Cabins 
are fully envelopmg structures specifically designed for protectmg a human being 
from environmental noise. The human being protected by the cabin may be the 
operator of a noisy machlne, supervisor of a manufactunng operation, or attendant 
of a road toll booth. Wrappmgs are acoustical structures which closely envelop 
the casmg of machines, valves, and connected piping to provide a high degree of 
noise reduction at high frequenc1es, practically no reduction at low frequencies, 
and modest reduction m the frequency range in-between. 

The recently issued international standard ISO 156~7:2000E, 1 entltled "Gmde­
lines for No1Se Control by Enclosures and Cabins," defines a large number 
of acousncal performance ratmgs and specifies the measurement procedure of 
how to obtain them in the laboratory or m situ. These performance measures. 
wh1ch include single-number and spectral and direct1v1ty information, are listed 
in Table 12.l for enclosures and in Table 12.2 for cabins. For purposes of easy 
companson, these tables retam the sômewhat cumbersome nomenclature used in 
the standard. 

The techrncal content of ISO 15667:2000E 1s based, to a large extent, on the 
content of Chapter 13 of the 1992 editlon of this book2 and, consequently, the 
reader will find much of the mformat10n m th1s chapter. The standard contams 
excellent suggestions about· the collection of input information, plamung, and 
performance verification of acoustical enclosures and cabins. 

Annex A provides a large number of sketches dep1cting (1) details for jom­
mg wall panels, (2) mounting the enclosure airtight to the floor, (3) seals around 
doors and observation windows, (4) vibration isolation of the enclosed machines, 
(5) pipe and shaft penetrat10ns, (6) ventilation possibilities, and so on. Though 
the information contamed in these sketches is useful, the author cannons the pur­
chaser of acoustical enclosures to contract w1th an expenenced provider of noise 
control hardware who has s1milar proven details and the necessary experience to 

517 
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TABLE 12.1 Acoustical Performance Measures of Enclosures 

Sound Power 
Insulationa 

Dw 

~ ,,... 

) 

-~ 
.Enclosure 

Dw (/)'=L,vo (/)·-L~ <f) 

Lwo = Sound power level of 
unenclosed source 

Lwe = Sound power level of 
enclosed source 
according to ISO 11546-J 
orISO 110546-2 

DwU) = R(f) + JO 
R(f) = sound transmission 

loss of enclosure 
wall according 
to ISO 140-3 

œ(f) = average absorption 
coefficient of internai 
side of enclosure panels 

Weighted Sound 
Power Insulationb 

Dww 

is obtained 
fiom Dw(f) 
according to ISO 
717-1, resulting in 
a single-number 
value 

(( 

(( 

Sound Pressure 
Insulation" 

Dp 

Lp0 (f,x,0) 
X 

LpE (f,x,0) 

X, 0) = Lp0 (/, x, 0) - Lpe(/, X, 0) 
x, 0) sound-pressure-level 

spectmm of unenclosed 
source at distance x, 
direction 0 

x, 0) = sound-pressure-level 
spectrum of enclosed 
source at distance x, 
direction 0 

A-Weighted Sound 
Pressure Insulationd 

DPA 

LA 8 (x,0) 

DPA (X, 0) = LAo(X, B)­
L,m(X, O) 

LAo dBA for unenclo­
sed source 

LAE = dBA for enclosed 
source 

"Contains no information about directivity. Limîted usefulness if (1) source is highly düectional and (2) source is much nearer to one wall than to others 
0Used for rnugh compadson of different enclosures in cases where source spectrum is not known 
'Best suited for detailed analyses of enclosure perfoimance foi different directions 
d Single-number ràting for particular machine of known sound power spectmm 
Note: Accordlng ISO 15667:2000 

~ 
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ACOUSTICAL ENCLOSURES 521 

integrate them into the total design and successfully install them onsite. Givmg 
the construction details mcluded m Annex A to a local sheet metal shop w1thout 
prior expenence in producing n01se control hardware may result in a low bid but 
1t is very likely that the end result will be disappointing. 

• In Annex B the standard provides informative case studies where the non­
expert reader can find typical ranges of acoustical performance of functional 
enclosures and cabins which have operable doors. inlet and discharge opemngs 
for ventilation, and so on. 

The key difference between enclosures and wrapping is that in the case of 
enclosures, the sound-absorbmg layer is not in contact w:1fü the surface of the 
vibrating eqmpment, while in the case of wrappings, the porous soundsabsorbing 
layer is in full surface contact with the vibrating body 1t surrounds. Because the 
porous sound-absorbing material of wrappmgs provides a full-surface, structure­
borne connection between the vibrating equipment and the extenor layer, 1t must 
not only be a good sound absor:ber but also be highly resilient so as to prevent the 
transrmssion of vibration to the ®ter imperv1ous layer where lt can be radiated as 
sound. Sound-absorbing materials used in enclosures, where there is no contact 
between the porous material and the vibrating equipment, can have a fairly rigid 
skeleton. Wrappings are most frequently used to decrease the sound radiation of 
vibrating surfaces such as ducts and pipes and sometimes also to gain extra sound 
attenuation of acoustical enclosures. Since fibrous sound-absorbing matenals, 
such as glass fiber and mineral wool, are good heat insulators, properly des1gned 
wrappmgs can provide both substantial acoustical and heat msulatrnn. On the 
other hand, the heat-insulating propert1es of the enclosure may be detrimental and 
require that prov1s1on be made for auxiliary cooling of the interior of the enclosure 
to prevent the buildup of excessively high temperatures. Only the acoustical 
design aspects of enclosures and wrappings are treated in this chapter. 

12.1 ACOUS11CAL ENCLOSURES 

Depending on their s1ze (compared with the acoustical and bending wavelength) 
acoustical enclosures can be termed either small or large. The enclosure is con­
sidered small* if both the bending wavelength is large comparèd with the largest 
wall panel dimensions and the acoustical wavelength is large compared with the 
largest intenor dimens10n of the enclosure volume. In small acoustlcal enclo­
sures, the interior volume bas no acoustical resonances. If the largest dimension 
of the acoustical volume is Lmax :5 ml, the sound pressure 1s evenly distributed 
within the volume. The enclosure is considered large if all of its interior dimen­
sions are large compared with the acoustical wavelength and there are a large 
number of acoustical resonances in the intenor volume in the frequency range of 
mterest. Accordingly, even enclosures w1th large phys1cal dimensions are acous­
tically small at very low frequencies while enclosures of small phys1cal size are 
acoustically large at very high frequenc1es. In almost all acoustical enclosures the 

* Small enclosures are also treated in Chapter 6. 
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enclosure walls already exhibit numerous structural resonances in the frequency 
range where the first acoustical resonance occurs. 
. If the enclosure ~as no mechanical connections to the enclosed equipment, it 
1s termed free standing. If there are mechanical connect10ns, then the enclosure 
is equipment mounted. Enclosures that very closely surround the enclosed equip­
ment and the volume of the machine is comparable to the volume of the enclosure 
are called close fitttng. Enclosures w1thout acousti.cally significant openings are 
referred to as sealed enclosures, and those w1th significant acoustical leak:s (inten­
tional or unmtentional) as leaky acoustical enclosures. 12.1 shows-vanous 
configurations of sealed acoustical enclosures. This chapter deals with the acous­
tical design of enclosures. Nonacoustical aspects-such as ventilation, 
and economy~are treated in a handbook by Miller and Montane (see Bibliog­
raphy). Construct10n details and advice for writmg purchase specifications are 
given m a VDI guideline (also see Bibliography). 

Insertion Loss as Acoustical Performance Measure 

The insertion loss 1s the most appropriate descriptor for the acoustical perfor­
mance of enclosures of all types. The operational defiuition of the msertion 
loss (IL) of an acousttcal enclosure 1s illustrated in 12.2. For noise sources 
that will be positioned indoors, such as machinery in factory spaces, the sound­
power-based msert10n loss of the enclosure as indicated in Fig. 12.2a 1s the most 
meanmgful. lt 1s defined as 

ILw 10 log ( ::'),: Lwo dB (12.1) 

(a) 

~ ~ 
(b) , s 

(c) <,f ________ _.,j 

FIGURE 12.1 Enclosure types: (a) free standing, 
(c) equipment mounted, close fitting. 

(b) free standing, close fitting; 
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(a) 

(b) 

FIGURE 12.2 Operatlonal defimtion of enclosure insertion loss IL (a) power based; 
ILw Lwo - Lwe, (b) sound pressure based; lLp = SPLo - SPLE. 

where Wo is the sound power radiated by the unenclosed source and Lwo the 
corresponding sound power level and W E is the sound power radiated by the 
enclosed source and LwE the corresponding sound power leveL Both Wo and 
WE are measured in a reverberation room (see Chapter 4) or with the aid of a 
sound mtens1ty meter. 

For enclosures used with equipment deployed outdoors, a less precise but 
more easily implemented definit1on of insertion loss, the so-called pressure-based 
msertlon loss, or ILp, illustrated in Fig. 12.2b 1s most appropriate. It is defined as 

ILp SPLo - SPLe dB (12.2) 

where SPL0 1s the average sound pressure level measured at a number of loca­
tions around .the source without the enclosure and SPLe 1s that measured with 
the source surrounded by the enclosure. The measurement positions may be 
chosen on a circle that is centered at the source location. The measurement 
distance should be at least three mnes the longest dimension of the enclosure. 
Equations (12.1) and (12.2) represent definitions readily implemented 111 the field 
or laboratory. Using these defimtions one can determme whether aspe­
cific enclosure will or will not meet specific performance reqmrements stated m 
the form of a sound-power-level reduction, a sound-pressure-level reduction for 
a specified distance, or a soundcpressure-level reduct1on at a specified distance 
and direction. If the laboratory faciliües are available, the sound-pressure-based 
insertion loss may also be measured in a lar,ge henùanech01c chamber. 

Note that if the radiation patterns of both the unenclosed and enclosed source 
is omnidirectional, the two measures yield the same result (ILw ILp). 

Qualitative Description of Acoustical Performance 

Figure 12.3 shows the typical shape of a curve of the acoustical insertion loss 
versus frequency of a free-standing, sealed acoustical enclosure. Region I 1s the 
small-enclosure reg1on where neither the intenor arr volume nor the enclosure 
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FIGURE 12.3 Typ1cal curve of insertion loss versus .frequency of a sealed, free-standing 
acoust:ical enclosure. Reg1on I: panel stiffness controlled; dampmg and intenor absorp­
tion are ineffective. Region II: resonance controlled; dampmg and interior absorption are 
effective. Reg1011 ID: controlled by sound transmission loss; sound transrmssion loss and 
intenor absorption ar.e effective; usually lirmted by leaks. 

wall panels exhib1t any resonances. In this frequency region the msertion loss is 
frequency mdependent and 1s controlled by the ratio of the volume compliance 
(inverse of volume stiffness) of the enclosure walls and that of the enclosed air 
volume. 

Region Il in Fig. 12.3 is the mterm,e~ate region where the insertion Joss 1s 
controlled by the resonant interaction of the enclosure structure wlth the enclosed 
acoustical volume. The reg1on is charactenzed by a number of altematmg maxima 
and minima m the insertion loss. Typically, the first and most important minima in 
the insertion loss occurs when the combined volume compliance of the intertor 
arr volume and the volume compliance of the wàll panels matches the mass 
compliance of the wall panels. The insertion loss at this resonance frequency 
usually controls the low-frequency insertion loss of the enclosure and m some 
mstances can become negative, s1gnifying that the eqmpment with the enclosure 
may radiate more noise than w1thout the enclosure. Additional minima of the 
msertion loss occur at acoustical resonances of the enclosure volume. Further 
mimma in insertion loss occur when the frequencies of structural resonances of a 
wall panel and the frequenc1es of acoustical resonances of the enclosure volume 
coincide. lt is imperative that enclosures designed for sound sources that radiate 
noise of predominantly tonal character (such as transformers, gears, reciprocatmg 
compressors and engmes, etc.) should have no structural or acoustlcal resonances 
that correspond to the frequenc1es of the predommant components of the source 
noise. 

Reg10n III in Fig. 12.3 is the large-enclosure region where both the enclosure 
wall panels and the mterior air volume exhibit a very large number of acoustical 
resonances. Here, statistical methods of room acoustics can be used to predict 
the sound field inside the enclosure (see Chapter 7) and the sound transmis­
sion through the enclosure walls Chapter 11). In this frequency region, the 
msertion loss is controlled by the mtenor sound absorption and by the sound 
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transmission loss (R) of the enclosure wall panels. The dip in the curve of inser­
tion loss versus frequency m region III corresponds to the comcidence frequency 
of the wall panel (see Chapter 11), which for the most frequently used wall pan­
els mm steel or aluminum) falls above the frequency region of interest. The 
coincidence frequency may fall into the reg1on of interest if the ratio of stiffness 
of the panel to 1ts mass per urut area is h1gh (e.g., a honeycornb panel). 

The prediction of the insertion loss of small and large acoustical enclosures 
is treated in the following sections. Performance prediction m the intermedi­
ate frequency region reqmres a detailed firute-element . analys1s of the coupled 
mechanical acoustical system such as outlined m Chapter 6. 

Small Sealed Acoustical Enclosures 

For a small, sealed acoustical enclosure, where the sound pressure inside the 
cavity is evenly distributed, the msertion loss is given by4

-
5 

( C11 ) 
ILsM = 20 log \ 1 + L7=1 

Cw, dB (12.3) 

where 
Vo 

m5/N (12.4) 

is the compliance of the gas volume ms1de the enclosure, Yo is the volume of 
the gas in the enclosure volume, p is the dens1ty of the gas, c is the speed of 
sound of the gas, and Cw, is the volume compliance of the ith enclosure wall 
plate defined as 

m5/N (12.5) 
p 

where L'.,. Vp, 1s the volume displacement of the ith enclosure wall plate in response 
to the uniform pressure p. It is assumed here that the enclosure 1s rectangular and 
is made of n separate, homogeneous, isotropie plates, each with its own volume 
compliance. 

At frequenc1es below the first mechanical resonance of the isotropie enclosure 
wall panel, the volume compliance of a homogeneous, isotropie panel C p, 1s 
g1ven by3 

C,m m5/N (12.6) 

where Aw, 1s the surface area of the ith wall panel and F(a) is given in Fig. 12.4 
as a function of the aspect ratio a= a/bof the panel, where a 1s the longest and 
b is the smallest edge dimension of the wall panel. For homogeneous, isotropie 
wall panels, the bending stiffness per umt length of the panel is 

Eh 3 

B = ----::- N m 
12(1 v2) 

(12.7) 
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FIGURE 12.4 Plate volume compliance function F(a) plotted versus the aspect ratio 
a = a/ b for homogeneous isotropie panels e1ther with clamped or simply supported edges. 
(After Ref. 3). 

where E is Young's modulus and h 1s the thlckness and v the Poisson rat10 of 
the wall panel. For a rectangular enclosure combining Eqs. (12.3)-(12.7) yields 

20 lo0 1 + o [ 
v; Eh

3 6 
1 ] 

0 
12 x 10-·3 (1 v2)pc 2 ~ A!;F(a;) 

For the special case of a cubical enclosure with clamped walls of 
Eq. (12.8) yields 

ILs = 20 log i 1 + 41 (!:.)3 

-;] dB 
L a pc 

dB (12.8) 

length a 

(12.9) 

Equation (12.8) indicates that high insertion loss 1s achieved if the enclosure has 
small edge length, aspect ratio, and large, wall thickness, edge conditions 
are clamped, and the panels are made of a material of high Young's modulus. In 
short, for an enclosure w1th high insertion loss at low frequenc1es, the wall must 
be made as stiff as possible. According to Eq. (12.9), the low-frequency insertion 

ACOUSTICAL ENCLOSURES 527 

loss of a cubical steel enclosure of edge length a 300 mm, E = 2 x 1011 N/m2 , 

p 1.2 ,kg/m3 , and c = 340 mis is for two different wall thlcknesses h: 

Clamped Simply Supported 

Wall 
Thlckness h ILs fo ILs fo 

3 mm 35.5 dB 296 Hz 24 dB 162 Hz 
1.5 mm 18.5 dB 148 Hz 9 dB 81 Hz 

Here fo is the resonance frequency of each of the 1dentical homogeneous isotropie 
clamped panels. The msert1on loss values listed in the table above are valid only 
at frequenc1es well below fo- Note in the table that much higher insertion loss 1s 
achieved with a clamped-edge condition than with simply supported condi­
t1ons. In practice, clamped edges are almost impossible to achieve. Consequently, 
one should use the s1mply supported edge condition m the irutial design to ensure 
that the designed performance will be achieved. 

It is of cons1derable practical mterest to know which material should be used 
for a srnall sealed cub1cal enclosure to yield the· highest insertion loss at low 
fréquenc1es for the same enclosure volume and same total weight. Considering 
that the total mass M of a cubical enclosure of length a is M 6pMa2h, 
Eq. (12.9) can be expressed as 

[ 
M3 ( CL )

2
] 1Ls =.20 log 1 + 0.19- 9- 2 -

a pc PM 
dB (12.10) 

where CL= 1s the speed of longitudinal waves m the bulk enclosure 
matenal and PM is the density of the enclosure matenaL Equation (12.10) mdi­
cates that for all materials givmg the same enclosure mass M, the material with 
the highest cd PM ratio y1elds the highest msertion loss. Table 12.3 lists the 
cd PM ratio and the normalized low-frequency insertion loss ~IL for frequently 
used materials, where ~IL is defined as the low-frequency insertion loss of an 
enclosure made out of a specific material minus the insertion loss of an enclo­
sure of the same volume and we1ght built of steel. Table 12.3 mdicates that, in 

to low-frequency msertion loss, alurninum and glass are supenor to steel 
and lead 1s the worst possible choice! Note, however, that this conclusion can be 
exactly opposite for a large enclosure if the comcidence frequency falls within 
the frequency range of mterest. 

Formstiff Sma// Enclosures. Because the msert10n loss of small, sealed enclo­
sures at very low frequenc1es (Lmax < foÀ) is controlled by the volume compli­
ance of the enclosure walls, it is des1rable to select constructions that provide the 
highest wall stiffness for the allowable enclosure weight. An enclosure cons1st­
mg of a round, cylindrical body and two half-spherical end caps yields a very 
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TABLE 12.3 Ditîerence in Low-Frequency Insertion Loss AIL and CLÎ PM Ratio 
for Different Construction Materials'7 

Lead Steel Concrete Plex1glass Aluminum Glass 

CL/PM, m4/kg,s 0.11 0.65 1.5 1.6 1.9 2.1 
LlIL, dB -31 0 +14 +15 +19 +20 

a L\IL is for a cubical enclosure with identical sides. 

Frequency, kHz 

FIGURE 12.5 Acoustical charactenstics of a small, sealed, round cylindrical enclo­
sure w1thout intenor absorpt10n: (a) msertion loss IL; (b) resonant acoust1cal response 
of interior volume, SPL; (c) sound-induced vibration acceleration response of enclosure 
wall, AL. 

stiff construction and much h1gher msertion loss than a rectangular enclosure of 
the same volume and we1ght. Figure 12.5 shows the acoustical charactenstics of 
such a particular small, cylindncal enclosure w1th no mternal sound-absorbmg 
treatment. Curve A represents msertion loss versus frequency measured with an 
external source, indicating that msertion loss at most frequencies exceeds 55 dB. 
Curve B represents the sound pressure levels in the enclosed air volume when 
excited w1th an external source, indicatmg the presence of strong acoust1cal res­
onances at 550 Hz and above. Curve C represents the sound-induced vibration 
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acceleration of the cylindncal shell caused by an extemal sound source. Strong 
structural resonances are seen at 1.5, 3, and 3.75 kHz. Observing the three curves 
m Fig. 12.5, it is noted that the frequenc1es where the msertion lossis minimum 
coinc1de either w1th acoust1cal resonances of the interior volume or ,vith structural 
resonances of the enclosure shell. The strong nrimma of the curve of msertion 
loss versus frequency m the vicinity of 1.5, 3, and 3.75 kHz are caused by coin­
c1dence of the structural resonance of the shell w1th acoustical n~sonances of the 
mtenor air volume. 

Another way to achieve a low wall compliance for a given total we1ght is to 
make the enclosure walls out of a composite material consisting of a honeycomb 
core sandwiched between two lightweight plates. A special form of such high­
stiffness, low-we1ght panel, described by Fuchs, A~kermann, and Frommhold,6 

also prov1des high sound ab~orption at low frequencies in addition to the low 
volume compliance. In this case, the panel on its interior s1de has two double 
membranes. The first, thicker membrane, which 1s rigidly bonded to the honey­
comb core, has round openings to make an inward-facing Helmholtz resonator 
out of each honeycomb cavity. A second, thin, membrane that is covering the 
first one 1s free to move over the resonator opemngs. The presence of this sec­
ond, thin membrane lowers the resonance frequency of the Helmholtz resonators 
owing to the mass of the membrane covermg the openmg and increases the dis­
sipation owmg to air pumping. Such Helmholtz plates can be constructed from 
stainless steel, aluminum, or light-transparent plastic. They are fully sealed and 
can be hosed down for cleaning. Figure 12.6 shows the curve of insertion loss 
versus frequency of a cubical enclosure of 1 m edge length. The solid curve was 
obtamed with enclosure walls made of the above-described Helmholtz plates of 

Ill 30t-+---t--t----+----t---r,;----t-----t---t-----rr--t 

" d 

315 63 125 250 500 1000 2000 4000 8000 

FREQUENCY,Hz 

FIGURE 12.6 Measured rnsertion loss of two 1 x 1 x 1-m enclosures. (After Ref. 6.) 
Solid curve: Helmholtz plate walls, 10 cm thick, 8.5 kg/m2 , no sound-absorbrng treatment. 
Dashed curve: Woodchip board walls, 1.3 cm tlnck, 5-cm-thick sounding-absorbmg layer, 
10 kg/m2 



530 ENCLOSURES, CABINS, AND WRAPPINGS 

10 cm tlnckness with a mass per umt area of 8.5 kg/m2 without any additional 
sound-absorbing lining. The dotted curve was obtained with an enclosure of the 
same s1ze, made of 1.3-cm-tlnck wood chip board with 5-cm sound-absorbmg 
lining, yielding a mass per umt area of 10 kg/m2 . The Helmholtz plate enclosure 
yields superior low-frequency performance and does not requrre extra sound­
absorbing lining. However, the insert10n loss of this enclosure at rrudfrequenc1es 
(above 250 Hz) is low because of the low comc1dence frequency of the light and 
stiff panels. 

Sma/1 Leaky Enclosures. Except for special constructions, such as hermeti­
cally sealed compressors, all enclosures are likely to be leaky and provide zero 
insertion loss as the frequency approaches zero. If an enclosure has a leak in the 
form of a round opening ofradius aL in a wall of tlnckness h, the leak represents· 
a compliance CL 1/jwZL, where ZL is the acoustical impedance of the leak 
given as 

(12.11) 

where h is the plate thickness, !::,.h::: 1.2aL represents the end correction, and R 
is the real part of the impedance of the leak. The sound pressure inside the small. 
leaky enclosure owmg to the operation of a source of volume velocity qo is 

'V.~""''·,$ 

leaky qo 1 
Pins = -ju>-__ +_C_v_+_I:_,_C_w_·, N/m2 (12.12) 

and the inseruon loss of the small leaky enclosure is 

IL1ea1cy (12.13) 

where Cv and Cw, are given m Eqs. (12.4) and (12.5), respectively. Since CL 
approaches mfimty as the frequency approaches zero, the msertion loss of leaky 
enclosures approaches zero for any form of leak. The insertion loss becomes 
negative m the v1cinity of the Helmholtz resonance frequency of the compliant 
leaky enclosure g1ven by 

foL 
aLC 1 

2 n:(h + t,.h) (Vo + pc 
Hz (12.14) 

As CLf"i.:,Cw, becomes small with mcreasmg frequency, the insertion Ioss of the 
small, leaky enclosure, ILL, approaches that of the sealed enclosure, ILs. This 
behavior is iUustrated in Fig. 12.7. 
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FIGURE 12.7 Measured and predicted sound-pressure-based msertion loss (outs1de­
inside direction) of a 50 x 150 x 300-mm aluminum enclosure of 1.5-mm-thick wall with 
a single 9.4-mm-diameter hole (after Ref. 5): (--) predicted, sealed; (- - - - ) predicted, 
leaky; (0) measured, sealed; (Â) measured, leaky. 

Close-Fitting, Sealed Acoustical Enclosures 

A close-fitting acoustical enclosure 1s one m which a cons1derable portion of the 
enclosed volume 1s occupied by the eqmpment being qmeted. Such enclosures 
are used in cases where the radiated noise must be reduced using a rmmmum of 
added volume. Vehicle engine enclosures, portable compressors, and transportable 
transformers fall into tlns category. 

Free-standing, close-fitting enclosures, such as shown m Fig. 12.lb, have no 
mechamcal connections to the vibratmg source and the enclosure walls are exc1ted 
to vibration only by the arrborne path. Conversely, the walls of machine-mounted, 
close-fitting enclosures, such as dep1cted in Fig. 12.lc, are excited by both air­
borne and structure-borne paths. 

The characteristic property of a close-fitting enclosure 1s that the arr gap (the 
perpendicular distance between the vibratmg surface of the machine and the 
enclosure wall) is small compared w1th the acoustical wavelength in most of 
the frequency range. The walls of the close-fitting enclosures are usually made 
of thin, fiat sheet metal with a layer of sound-absorbing material such as glass 
fiber or acoustical foam on the mtenor face. The purpose of the sound-absorbing 
lining is to damp out the acoustical resonances in the air space. 

Free-Standing, Ctose-Fitting Acoustical Enclosures. Free-standing, close­
fitting enclosures, which have no structure-borne connection to the vibrating 
equipment, always achieve higher msertion loss than a sirnilar machine-mounted 
enclosure can provide. If the enclosure is perfectly sealed, then 1ts insertion loss 
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depends on (1) thickness, s1ze, and matertal of the enclosure wall; (2) edge­
joining conditions of the wall plates and their loss factors; (3) vibration pattern 
of the machine surface; (4) average thickness of the air gap between the wall 
and the machine; and (5) type of sound-absorbing matenal in the arr gap. 

Figure 12.8 shows the measured dependence of the power-based insertion loss 
of a model close-fitting enclosure consisting of 0.6 x 0.4-m enclosure walls of 
thickness h and a variable spacing gap of thickness T. To obtani these data, an 
aITay of loudspeakers, which represented the vibrating surface of the enclosed 
machine, was phased to sunulate vanous vibration patterns.8 Figure 12.8a shows 
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FIGURE 12.8 Effect of pararneters on the power-based insertion loss of a model 
close-fittmg enclosure. Wall panel 0.6 x 0.4. (After Ref. 8.) (a) Effect of the wall mate­
rial; 4-cm arr gap, in-phase excitation. (b) Effect of wall panel thickness, 4-crn air gap, 
in-phase excitation. (c) Effect of average air gap thickness; 0.5-mm steel plate, quadrupole 
excitation. (d) Effect of sound-absorbmg rnaterial and structural darnping; 1-mm steel 
plate, 6.5-crn air gap, in-phase excitation; a, no darnpmg, no absorption m air space; b, 
with darnping treatment; c, no damping, but absorpt10n in arr space; d, w1th darnping and 
absorption, 
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the dependence of the measured insertion loss on frequency obtamed for 
1-mm-thick aluminum and steel wall plates, respectively. Becâuse the steel and 
alummum plates have pract1cally the same dynanuc behavior, the higher instrtion 
loss of the steel wall panel 1s attributable to 1ts higher mass. In the frequency 
range between 300 Hz and 1 kHz, the 9-dB average difference coITesponds to 
the difference m density of the two matertals. Figure 12.8b shows the effect of 
wall thickness. Here agam the msertion loss increases with increasing wall thick­
ness. Below 250 Hz, where the msertion loss is controlled by the stiffness of 
the air and the stiffness and dampmg of the wall panels, the ILw changes little 
with mcreasmg frequency. In the frequency range between 200 Hz and 1 
where the ILw is controlled by the volume stiffness of the air and by the mass 
per unit area of the wall, the ILw increases w1th a slope of 40 dB/decade. Above 
1 kHz, the msert1on loss 1s limited by the acoustical resonances in the air space. 
Figure 12.8c shows that the insertion loss increases with increasing air gap thick­
ness. Figure 12.8d shows the effect of sound-absorbing material in the air space 
and dampmg treatinent of the enclosure wall on the achieved msertion loss. The 
sound-absorbing treatment in the arr space prevents the acoustical resonances 
in the air space and results in a substantial mcrease of the insertion loss above 
1 kHz. Structural damping helps to reduce the deletenous effect of the effic1ently 
radiatmg plate resonance at 160 Hz. A combination of sound-absorbmg treatment 
and structural damping results in a smooth, steeply increasing msertion loss with 
increasing frequency and provides a very htgh degree of acoustical performance. 

One-Dimensions! Mode/. According to Bryne, Fischer, and Fuchs,9 the mser­
tion loss of free-standing, sealed, close-fittmg acoust1cal enclosures can be pre­
dicted with reasonable accuracy with the simple one-dimensional model shown 
m Fig. 12.9. It is assumed that the machine wall (A) vibrates in phase (like a 
rtgid piston) \\'lth velocity VM and that the motion of the machme is not affected 
by the presence of the enclosure. The vibrating machine 1s surrounded by a 

"M to la Ps 
-ko ,~ kc 

Zo Zo 

3 2 i • • • 

A 8 CDE 

FIGURE 12.9 One-dimensional rnodel for predictmg the power-based msertlon loss IL 
of free-standing, sealed close-fitüng acoustical enclosures; A machine wall vibrating wlth 
veloc1ty VM; B, air gap thickness 10, C, sound-absorbmg layer thickness la, D, imperv1ous 
enclosure wall of mass per umt area Ps; E, free space mto whlch sound is radiated. (After 
Ref. 9). 
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fiat, limp, impervious enclosure wall (D) which has an mtemal sound-absorbing 
lining (C) of thickness la and there 1s an air gap (B) of thick:ness l0 between 
the machine and the sound-absorbing layer. The sound pressure on the outside 
surface of the enclosure (pomt 1 in Fig. 12.9) 1s g1ven by 

PI= pz (1 -
1;:s) N/m2 (12.15) 

where pc is the charactenstic impedance of air. The following equations 
are used to obtam Pl as a function of the machine wall vibration velocity VM: 

Zo + jcvp, N • s/m3 

(1 + Za/Zz)ejfala + (1 Za/Z2)e-jfala 
Z3 = Za . N • s/m3 

(1 + Za/ Z2)eJfala (1 Za/Z2)r Îfala 

(1 + Zo/ Z3)ejkito + (1 - Zo/ Z3)e-jkito 
Z Z -------------- N s/m3 

4 0 ··~ -~ (1 + Zo/Z3)eJ""o - (1-,?_ 0/Z 3)rJ"" 10 
'•$ 

(12.16) 

(12.18) 

(12.19) 

(12.20) 

where ko 2n fic 1s the wavenumber, p the dens1ty, and c the speed of sound in 
air; Za is the complex characteristic 1mpedance and ra the complex propagation 
constant of the porous sound-absorbmg material as given m Chapter 8. 

The sound power radiated by the unenclosed machine wall is given by 

Wo = v1pcA W (12.21a) 

and when It is enclosed with a free-standing, close-fitting enclosure 

(12.21b) 

yielding for the msertion loss 

ILp = 10 log Wo 20log VMPC dB 
WA 

(12.22) 

ln denvmg this equat10n, no account 1s taken of possible change in surface area 
or radiation efficiency between the enclosure surface and machine surface. 

If the angle of sound incidence on the enclosure wall 1s known (i.e., a specific 
oblique angle or random), the power-based msert10n loss of free-standing, close­
fitting enclosures can be predicted on the bas1s of the two-dimensional model of 
sound transmission through layered media presented in Chapter 11. 
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Machine-Mounted, Close-Fitting Acoustical Enclosure. If the close-fittmg 
enclosure is machme mounted, the rigid or resilient connectmns between the 
machine and the enclosure wall give rise to additional sound radiation of the 
enclosure wall. Assummg that the vibration velocity of the machine v M is not 
affected by the connected enclosure, the additional sound power W M radiated 
owing to the structural connections is 

w (12.23) 

where 
2 

p2 = vmi N2 
' ll/2.3p;cLh + JCV/sl2 

(12.24) 

ln Eq. (12.24), F; is the force transrmtted by the ith attachment point, VM; 1s the 
vibration velocity of the machine at the tth.attachment pomt, n is the number of 
pomt attachments between the machine and the homogeneous, isotropie enclosure 
wall, Ps is the mass per unit area of the enc.losure wall, h is the wall thickness, 
CL is the speed of longitudinal waves m the wall material, ri 1s the loss factor, cr 
is the radiation efficiency, and s is the dynamic stiffness of the resilient mount 
connecting the enclosure wall to the machine (s oo for rigid point connections). 
To mimmize structure-borne transmissmn, 1t 1s advantageous to select attachment 
points at those locations on the machine that exhibit the lowest vibration. The 
insertion loss of the machine-mounted, close-fitting enclosure is 

ILMM 
Wo 

10 loglO W W 
A+ M 

dB (12.25) 

where W0 and WA are given in Eqs. (12.21a) and (12.21b). 
Figure 12.10 shows a close-fitting enclosure investigated expenmentally and 

analytically by Byme, Fischer, and Fuchs9 in three configurations: (1) free 
standing, (2) rigidly machine mounted, and (3) resiliently machine mounted. 

12.11 shows the measured msertion loss obtained for each of the three 
configurations. The machine-mounted enclosure, which was supported from the 
machine at four points at each s1de, yield substantially lower insertion loss at 
high frequenc1es than the free-standing enclosure. Elastic mounting yields higher 
insertion loss than rigid mounting. 

As shown by reference 9, the simple one-dimensional analytical model based 
on (12.15)-(12.25) yields predictions that are in good agreement with mea­
sured data. The reason for this surprisingly good agreement 1s that the sound­
absorbing treatment effectively prevents sound propagation (and the occurrence 
of acoustical resonances) ih the plane parallel to the enclosure wall and also 
prov1des structural damping to the thin enclosure wall. Replacing the effective 
glass fi.ber sound-absorbing treatment with a thmner, less effective acoustlcal 
foam has resulted in substantial decrease in the insertion loss, indicating the cru­
cial importance of an effective sound-absorbing treatment. Figure 12.12 shows 
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FIGURE 12.10 Machine-mounted, close-fitting enclosure; resilient mounting, resilient 
panel edge connections. (After Ref. 9). 
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FIGURE 12.11 Insertion loss (IL8 ) of a sealed, close-fitting enclosure made of 1-mm 
steel plates. (After Refs. 7 and 10.) Dimensions: 1 x 0.6 x 0.8 m; machine, enclosure 
wall distance 50 mm; mtenor linmg 50 mm thlck; flow resistivity R1 = 2 x 104N s/m4 

(■) Free standing;(•) machme mounted, resilient mountmg (see Fig. 12.10); (0) machine 
mounted, rigid mounting. 

how the specific ch01ce of edge connections of the enclosure plates affected 
the insertion loss of the machine-mounted, close-fittmg enclosure. Elastically 
sealed edges, such as shown m 12.10, yield higher inseruon loss than 
rigidly connected (welded) edges. The better performance obtained with elas­
tically sealed edges is due to the reduced coupling between the iu-plane motion 
of one plate (which radiates no sound) with the normal motion of the con­
nected plate (that radiates sound efficiently). The elastic edge seal also increases 
the loss factor of the enclosure plates, thereby reducmg their resonant vibration 
response. 
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FIGURE 12.12 Effect of plate edge connectwn on the msertion loss of sealed, resiliently 
rnachine-mounted, close-fitting enclosure: (■) elastically sealed edge; (e) welded edge. 
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FIGURE 12.13 Effect of rrncrophone position on the sound-pressure-based insertion 
loss measured in the outs1de-mside direction of a 50 x 150 x 300-mm (1.6-mm-thick) 
empty, plane, sealed, unlined aluminum acoustical enclosure. (After Ref. 11.) Solid line: 
center microphone locanon. Dashedline: corner rrncrophone iocation. 

lntermediate-Size Enclosures 

The intermediate frequency reg1on, designated as region II in 12.3 
and 12.13, is defined as the frequency region where the enclosure walls, the 
enclosure air volume, or both ex:hibit resonances; but the resonances do not 
overlap so that statistical methods are not yet applicable. 
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Comparison of the solid and dashed curves m Fig. 12.13 show how the mser­
tion loss, measured in the outside-mside direction (such as in a quiet control 
room in a no1sy test facility), depends on the location of the m1crophone. Below 
400 Hz, the sound pressure is uniformly distributed m the enclosure and the 
microphone in the corner measures the same sound pressure as that placed at 
the center. The first acoustical resonance occurs at 565 Hz, which results in a 
very low insertion loss at the enclosure corner in the 500- and 800-Hz center­
frequency one-third-octave bands, as illustrated by the dashed curve, but in a high 
insertion loss in the same bands for the enclosure center location, as d~picted by 
the solid curve. Fluctuations owing to structural resonances can be reduced by 
application of damping treatment to the panels (see Chapter 14) and those owing 
to acoustical resonances by mternal sound-absorbing lining (see Chapter 8). 

Because the insertion loss in this intennediate frequency range fluctuates 
w1dely w1th frequency and position, it is very difficult to make accurate analytical 
predictions of the insert10n loss. Frequently, involved firute-element analysis (see 
Chapter 6), model-scale or full-scale experiments, or crude approximations must 
be employed. For crude approX1mat10ns one connects the low- and high-frequency 
predictions to cover the intennediate range. 

Enclosures without Internai Sound-Absorbing Treatment 

There are cases where the danger o( bacterial growth or the accumulation of 
¾._.,g 

combustible particles precludes the use of porous or fibrous sound-absorbmg 
matenals ins1de of acoustical enclosures. In such cases bare enclosures must 
be used. Simple analytical models yield zero msertion loss for such enclosures. 
Consequently, it is also of theoretical interest to treat thls extreme case. 

Acoustical Performance Prediction of Large, Sare Enclosures. Even if 
the enclosure is built from homogeneous, isotropie panels without any intenor 
sound-absorbing treatment, the intenor sound pressure will not be infinitely high 
and the msertion loss of the enclosure will not be zero. 

The mterior sound pressure does not go to infiruty because the intenor sound 
field loses power through (1) sound radiation of the walls by the forced bending 
waves, (2) sound radiation of the walls by the free bending waves, (3) energy 
dissipation m the panel by the free bending waves, and (4) the inevitable acousti­
cal energy dissipation at the interior surfaces of tlle imperv1ous enclosure panels 
owing to the acoustical shear layer and heat conduction losses. 

The insertion loss of the enclosure will be finite because of the energy dissi­
pation by processes 3 and 4 above. 

The power balance of the interior sound field is given as 

W _ wforced + wfree + wfree + wshear W 
source - rad rad a a (12.26) 

where Wsouroe sound power of enclosed source 
w;:Jce = sound power radiated by forced bending waves 
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Wr!âe sound power radiated by free bending wavès 
W.f"' = sound power dissipated in plate by free bending waves 

w;hear = sound power lost through shear and heat conduction at intenor 
surface of impervious, solid walls 

Unless the panel is very heavily damped, the power dissipated byAtlle forced 
bending waves is small compared with that dissipated by the free bending waves 
and can neglected. 

Inserting into Eq. (12.26) the appropnate relat10nships from Section 11.8 and 
for amrn from reference 12 yields for the random-inc1dence sound absorption 
coefficient of the bare enclosure walls, 

œ"rand = = A + B + C + D 
Wmc 

for the space-average mean-square sound pressure in the enclosure, 

=--------
S101(A + B + C + D) 

N2/m4 

and for the insertion loss of the bare enclosure, 

where 

(
A+B+D) 

ILbare = 10 log A+ BC dB 

1 
A 

1 + (l/52)[WPs/(poco)J2 

C = __ Po_C_o_O'._ra_d __ 
PoCoO'rad + p,wn 

D 

(12.27) 

(12.28) 

(12.29) 

where s101 total intenor surface area of enclosure, m2 (assuming that all six 
partitions are made from the same panels) 

Ps = mass per unit area of plate, hpM, kg!m2 

PM dens1ty of plate material, kg/m3 

h plate thickness, m 
w = radian frequency, 2x f, Hz 

Po = density of air, kg/m3 

c0 = speed of sound, mis, 
Œract = radiation efficiency of free bending waves on plate (see Chapter 11) 

rJc = loss factor of plate (see Chapter 14) 

Jnspecting Eq. (12.29), note tllat for ri = 0, C = 1, and D ~ 0, Eq. (12.29) 
y1elds IL = 0, as it should be. In the vicinity of the coincidence frequency (i.e., 
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m the plateau region of the transmission loss), where B » A, the insert10n loss 
of the bare enclosure approaches 

10 log ( Pocoarad + Pslù'f/) :::::'. 10 log ( PslùT/ ) (12.30). 
PoCoO'ract Poco<1ract 

Figure 12.14 compares the insertion loss predicted for an unlined, sealed enclo­
sure [using Eq. (12.8) at low frequenc1es and Eq. (12.27) at high frequencies] 
with experimental data obtained by reference 11. There is a reasonably good 
agreement between the predicted and measured values at both low and hlgh fre­
quencies not only for th1s specific enclosure but also for a large variety of unlined 
sealed enclosures of different s1ze and wall panel thickness, indicatmg that the 
prediction formulas embodied in Eqs. (12.8) and (12.27) yield reasonable esti­
mates for engineering design. Figure 12.14 also indicates that without internal 
sound-absorbmg treatment the insertion loss remains very modest even at high 
frequencies, highlighting the importance of sound absorption in enclosure design. 

Large Acoustical Enclosures with lnterior Sound-Absorbing Treatment 

Acoustical enclosures are termed large at frequencies where both the enclosure 
wall panels and the enclosure volume exhibit a large number of resonant modes 
in a given frequency band and statistital methods for predicting the level of the 
intenor sound field and the vibration response and sound radiation of the enclo­
sure wall panels can be applied. Large acoustical enclosures used in industrial 
n01se control have many paths for transrmtting acoustical energy, as illustrated 
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FIGURE 12.14 Comparison of measured and predicted pressure-based IL of a 
50 x 150 x 300-mm (0.8-mm-thick) sealed, unlined aluminum enclosure, with source 
outs1de. (After Ref. 11). 
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FIGURE 12.15 Paths of n01se transmission from a typ1cal acoustlcal enclosure. 

schematically in Fig. 12.15. These paths can be grouped into three basic cate­
gories: (1) through the enclosure walls, (2) through opènings, and (3) through 
structure-borne paths. The first group is characterized by the sound excitation 
of the enclosure wall by the interior sound field, resulting in sound radiation 
from the extenor wall surfaces. Sound transmission by this path is relatively 
well understood, and in most cases the sound power transmitted can be pre­
dicted with good engineering accuracy Chapter 11). The second group is 
characterized by sound energy escaping through openmgs in the enclosure wall 
such as air intake and exhaust ducts, gaps between panels, and gaps around the 
gasketing at the floor and doors. These are also fairly well understood13- 15 but 
not so easily controlled. The third group is characterized by radiation of solid 
surfaces excited to vibration by dynam1c forces, such as the enclosure walls when 
rig1dly connected to the enclosed vibratrng eqmpment, shafts and pipes that pen­
etrate the enclosure wall, and the vibrat10n of the uncovered portion of the floor. 
This path IS difficult to predict wrthout detailed information about the motion of 
the enclosed machine and its dynarmc characteristics. Consequently, all possible 
efforts should be made to prevent any solid connections to the source. To obtain 
a balanced design, one must control each of these transin1ss1on paths and av01d 
overdesigning any one of them. 

Ana/ytica/ Mode/ for Predicting Insertion Lass at High Frequencies. A 
sound source enclosed ma large, acoustlcally lined enclosure will radiate approx­
imately the same sound power as lt would m the absence of the enclosure. To 
achieve a high power-based insertion loss, a high percentage of this radiated 
sound power must be diss1pated (i.e., converted into heat) w1thm the enclosure 
proper. This is accomplished by prov1ding walls of high sound transmission loss 
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to contam the sound waves and by covenng the mterior with sound-absorbing 
treatment to couvert the trapped acoustical energy into heat. 

In analyzing the acoustical behav1or of an enclosure at hlgh frequencies, the 
first step 1s to predict the space-tune average mean-square pressure of the diffuse 
sound field, {p2), w1thln the enclosure proper. Once the interior sound field 
is predicted, one can determine the sound power escaping from the enclosure 
through the varions paths. The mean-square value of the diffuse sound pressure in • 
the interior of the enclosure is obtained by balancing (a) the sound power injected 
into the enclosure from all the n01se sources with (b) the power loss through 
dissipation (in the sound-absorbing limng, in the air, and in the wall structure) 
and the sound transmission through the walls of the enclosure and through diverse 
openings. According to reference 4, a sound source of power output Wo generates • 
in the enclosure a reverberant field with a space-time average mean-square sound 
pressure (p2) given by 

(12.31) 

where 

(12.32) 

and Sw is the total interior wall surface, Sw, is the surface area of the ith wall, 
aw is the average energy absorption coefficient of the walls, Rw, lS the sound 
transmissmn loss of the ith wall, Ps is the mass per unit area of a typical wall 
panel, r, is the loss factor of a typical wall panel m place, Œ is the radiation 
efficiency of a typical panel, CL is the propagation speed of longitudinal waves 
in the plate material, h is the wall panel thlckness, Siai is the total absorption m 
the mterior in excess of the wall absorption (i.e., the machlne body itself), Soi 
is the area of the jth leak: or opening, Raj is the sound transmission loss of the 
jth leak or opening, Ssk is the face area of the kth silencer openmg (assumed 
completely absorbing), m is the attenuation constant for air absorption, and V 
is the volume of the free interior space. The sound power incident on the umt 
surface area is given by 

Wo 
{·. ·} 

w (12.33) 

where {· • •} re~)re,;ents the expression in the denorninator m Eq. (12.31) and Wo 
1s the sound power output of the enclosed machme. 

The terms in the denommator of Eq. (12.31) from left to nght stand for 
(1) power dissipation by the wall absorption (Swaw), (2) power loss through 
sound radiation of the enclosure walls (I:;, Sw, x 10-Rw,110), (3) power dissipa­
tion in the walls through viscous damping effects (SwD), (4) power dissipation 
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by sound-absorbmg surfaces in addition to the walls (S1a;), (5) sound power loss 
to silencer terminals (I:;k Ss1<), (6) Sound absorption in arr (mV), and (7) sound 
transrmss1on to the exterior through openings and gaps (:[;

1 
SGi x 10-RGj/ 10). 

The relative importance of the vanous terms may differ widely for different 
enclosures and even for the same enclosure in the different frequency ranges. 
For example, for a small airtight enclosure without any SQund-absorbing treat­
ment, the power dissipation in the wall panels may be of 'pnmary importance, 
while 1t 1s usually negligible for enclosures with proper interior sound-absorbmg 
treatment. Air absorption is inlportant m large enclosures at frequencies above 
1000 Hz. The sound power transnntted through the enclosure walls, WTW, that 
through gaps and openings, WTG, and that through silencers, WTS, are m 

(12.34)-(12.36), respectively: 

WTW = Wo(Li Sw, X IORw;/10) 

{ · ·} 
w (12.34) 

(12.35) 

(12.36) 

where t:,Lk is the sound attenuation through the silencer over opening k. The 
power-based insertion loss of the enclosure in the inside-outside direction is 
defined as 

Wo 
IL = 10 log10 --------- dB 

WTW+ WTG+ WTs+ WsB 
(12.37) 

whlch takes the forrn 

IL = 10 lo { • •• } 
glO L, Swi X 10-Rw;/10 + Lk Ssk X 10~ÀLk/lO 

(12.38) 

1 
X =----=---;-:-;:-----,-,-,----------- dB 

I::;
1 

Soi x 10-RGj/IO + WsB({· · ·}/Wo) 

where WsB 1s the sound power transrnitted through structure-borne paths consid­
ered separately according to Eqs. (12.23) and (12.24). 

The denominator of Eq. (12.38) reveals that if full advantage is to be taken 
of the h:tgh transmission loss of the enclosure walls, the air paths through gaps, 
openings, and air intake and exhaust silencers and structure-borne paths must 
be controlled to a degree that their contribution to the sound radiation is small 
compared w1th the sound radiation of the walls. If these paths are well controlled 
and the dissipation is achleved by the sound-absorbing treatment of the mterior 
wall surfaces and by the absorption in the then for Rw, Rw the insert10n 
loss of the enclosure is well approximated by 

(12.39) 
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If we further assume that the second term in Eq. (12.39) is much larger than umty 
and call the total absorption in the interior of the enclosure Swaw + S;a; A, 
Eq. (12.39) simplifies to 

A 
IL ~ Rw + 10 log - dB 

Sw 
(12.40) 

This approximate formula would yield negative msertion loss for very small 
values of interior absorption. It has been widely promulgated in the acoustical 
literature w1thout mention of its limited validity. Note that the insertion loss of a 
large enclosure can approach the sound transmiss10n loss of the enclosure wall 
panels only if there are no leaks and aw approaches unity. 

Key Parameters /nf/uencing the Insertion Loss of Acoustical Enclo­
sures. The primary paths for the transmission and dissipation of sound m large 
acoustical enclosures are shown in the block diagram in Fig. 12.16. The key 
parameter affecting enclosure insertion loss are summarized m Table 12.4. Fisher 
and Veres10 and Kurtze and Mueller16 have carried out systematic experimental 
investigations on how (1) choice of wall panel parameters, (2) intemal sound- 1 

absorbing linmg, (3) leaks, and (4) v1cinity of the enclosed machine to the 
enclosure walls and its vibration pattern influence the acoustical performance of 
enclosures. The model-machine sound source employed in reference 10 consisted 
of 1 x 1.5 x 2-m steel boxes of 1 ~ ~all thickness and were combined to 
yield a small (3 x 2 x 1.5-m) and a large (4 x 2 x 1.5-m) model machine. The 
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FIGURE 12.16 Block diagram of key components controlling the sound attenuation 
process in acoustical enclosures: W0 , source sound power output; a, average sound absorp­
tion coefficient; Ps, mass per umt area; T/, loss factor; cri, radiation efficiency of wall panels 
for radiation for ins1de direct:Ion; 110 , radiation efficiency of wall panels for radiation for 
outsîqe direction; ŒF, l radiation efficiency of forced waves; W,, total sound power 
radiated by the enclosure. 
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TABLE 12.4 Effect of Key Parameters on Sound Insertion Loss of Large 
Enclosures 

Parameter 

Absorption coefficient of limng 

Distance between machine and 
enclosure wall 

Tinckness of wall panel 
Dens1ty· of wall panel material 
Speed of longitudinal waves m 

panel material 
Loss factor of wall panel 

Critical frequency of wall panel 

Radiation efficienc1es of wall 
panels 

Stiffeners 
Leaks 

Structure-borne flanking 

Symbol 

d 

h 
PM 

CL ✓E/PM 

T/ 

Œ;, ŒQ 

Effect' on Insertion Loss 

Increases IL by reducmg 
reverberant buildup 

If d decreases beyond a certam 
limit, IL decreases at low 
frequencies (çlose-fittmg 
enclosure behavior) 

Increases IL 
Increases IL 
Decreases IL below cntical 

frequency 
Increases IL, espec1ally near 

and above critical frequency 
and at first panel resonance 

The higher 1s fc for a given 
mass per unit area, the 
higher 1s IL 

The h1gher is the radiation 
efficiency for inside 
direction, cr;, and for outside 
direction, cr0 , the smaller 1s 
IL 

Decrease IL by increasing cr 
Limit ach1evable IL, watch out 

for door gaskets and 
penetrations 

Limit achievable IL; watch out 
for solid connections 
between vibrating machine 
and enclosure and for floor 
vibration 

walls of the model machines could be exc1ted by e1ther an interna! loudspeaker 
or an internai tapping machme to sunulate both sound and structure-borne 
excitation. The investigated rectangular walk-in enclosure had 4.5 x 2.5 x 2 m 
inside dimensions and was equipped with an operational personal-access door. 
The thickness and matenal of the wall panels as well as the th1ckness of the 
intenor lining could be varied. 

Wall Panel Parameters. Figure 12.17 shows the measured insertion loss ver­
sus frequency for three different values of the wall th1ckness h, indicating that 
above 1.5 mm, a further increase of the wall thickness bnngs only slight improve­
ment at low frequenc1es and a slight detenoration at high frequenc1es near 
comc1dence. Figure 12.17 also includes, as the dashed line, the field-incidence 
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FIGURE 12.17 Curves of power-based msertlon loss versus frequency measured 
(ins1de-outside direction) for a large walk-in enclosure for various thicknesses of steel 
plate, h. (After Ref. 10.) Sound-absorbing treatment, 70 mm thlck, door sealed; fc, 
comcidence frequency; ILmax = R f represents the maximum ach1evable insertion loss. 
(L::.) h = 3mm; (•) h = 1.5 mm; (O) h = 0.75 mm. 
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FIGURE 12.18 Comparison of measured enclosure msertlon loss IL and panel sound 
transrmssion loss R (after Ref. 10): 1.5-mm-thlck steel plate, 70-mm-thlck sound-absorbing 
treatment; (L::.) R, measured; (x) R, predicted according to Chapter 11; (O) IL measured. 

sound transmission loss for a 1.5-mm-thlck steel plate for companson, indicat­
that up to 500 Hz, the insertion loss matches well the field-incidence sound 

transmission loss of the panel. 
Figure 12.18 compares ·the measured sound transffilssion loss of a typ1cal 

2.1 x 1.2-m wall panel and predicted sound transnnssion loss of an identical 
infinite-enclosure panel w1th the measured msertlon loss obtained with an enclo­
sure built with the same panels. The data mdicate that the prediction formulas 
presented in Chapter 11 for infinite panels can be used to predict accurately the 
sound transnnssion loss of the tinite panels of thls specific s1ze and that above 
500 Hz the insertion loss 1s dominated by unintentional small leaks. According 
to reference 10, the sound-absorbmg interior liner proVIdes sufficient structural 
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damping of the wall panels so that addit10nal damping treatment did not result 
in improved performance. 

Sti:ffening the wall panels with exterior L-channels, whic~ increase the radi­
ation effic1ency, resulted m slight deterioration of the acoustical performance. 
Using steel and wood chlpboard of equal mass per unit area yielded different 
transrrnssion loss but resulted in practically the same insertion loss because in the 
frequency range where the chipboard had its comc1dence frequency the insertion 
loss was already controlled by leaks. 

As a general rule, wall panels should be selected to have htgh enougf,, coinci­
dence frequency to be above the frequency reg10n of interest and be large enough 
that their first structural resonance occurs below the frequency region of interest 
but heavy enough to y1eld a field-mc1dence mass law sound transmission loss 
that matches the insertion loss requirements. Steel plates 1.5 mm thlck usually 
fulfill most of these reqmrements. 

Stiff, lightweight panels (such as honeycombs) usually yield a cntical fre­
quency as low as 500 Hz and prov1de a very low sound transmission loss in 
thls frequency region. Consequently, such panels should not be used m enclosure 

unless the enclosure is reqmred to prov1de high insertion loss at only very 
low frequenc1es and nnd- and high-frequency performance 1s not required. 

Effect of Sound-Absorbing Treatment. The proper cho1ce of sound­
absorbing treatment plays a more crucial role than the specific choice of 
wall material or wall thlckness, as shown m Fig. 12.19. The sound-absorbing 
treatment helps to increase insertion loss by (1) reducing reverberant buildup 
m the enclosure at mid- and high frequencies, (2) increasing the transmission 
loss of the enclosure walls at high frequenc1es, and (3) covenng up some of 
the unintentional leaks between adjacent panels and between panels and frames. 
Whenever feasible, the thickness of the mtenor sound-absorbmg treatment should 
be chosen to y1eld a normal-incidence absorphon coefficient a :::: 0.8 in the 
frequency region of interest. As shown in Chapter 8, thls can be achieved by 
a layer thickness d?:: foÀ, where ÀL is the acoustical wavelength at the lower 
end of the frequency region, and by choosing a porous matenal of normalized 
flow resistance of 1.5 :S R 1d/ pc < 3. 

Leaks. Leaks reduce the msertion loss of large enclosures just as they reduce 
1t for small enclosures [see Eq. (12.13)]. The reduction m insertion loss due to 
leaks, .6.ILL, is defined as 

(12.41) 

where IL5 and ILL are the insertion losses of the sealed and leaky enclosures, 
respectively, Rw is the sound transmission loss of the enclosure wall, and fJ 
(1/Sw)I:jSGj x 10-Ra,/\O is the leak rat10 factor, Soj is the face area, and Roj 
is the sound transmission loss of the jth leak. The sound transnnssion loss of 
leaks can be positive or, in the case of longitudinal resonances in wide, rig1d­
walled gaps, also negative. For preliminary calculations it is customary to assume 
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FIGURE 12.19 Measured insertJ.On loss of the enclosure w1th 1.5-rnm-thick steel plates , 
for various thicknesses of the sound-absorbmg matenal (after Ref. 10): (■) 0 mm (no 
absorption); (0) 20 mm; (,6.) 40 mm;(•) 70 mm. 

20 

10 

0 10 20 30 40 50 
Tlw,dB 

FIGURE 12.20 Decrease of enclosure insertion loss, L}.IL, as a function of the wall 
sound transrmssion loss Rw w1th the leak ratio factor /3 as parameter; Sw is the wall 
surface area and Raj and Saj are the sound transnùssion loss and face area of the jth 
leak, respectively. 

Roj = O. In this case, f3 = Soj / Sw 1s the ratio of the total face area of the 
leaks and gaps and the surface area ( one side) of the enclosure walls. 

Figure 12.20 is a graphical representation of Eq. (12.41) indicating that the 
higher is the sound transnùssion loss of the enclosure walls, the higher is the 
reduction in insertion loss caused by leaks. For example, for an enclosure assem­
bled from wall panels that prov1de a Rw of 50 dB, the total area of all leaks must 
be less than 1/1000 percent (/3 = 10- 5) of the total enclosure surface area if the 
insertion loss is not to be decreased by more than 3 dB! 
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Machine Position. Expenmental investigations by Fischer and Veres10 have 
shown that the insert10n loss of an enclosure at low frequenc1es also depends 
on the specific position of the enclosed machine within the enclosure. At low 
frequencies, where the distance between the fiat machme wall and the fiat enclo­
sure wall panel, d, becomes smaller than one-e1ghth of the acoustlcal wavelength 
(d < ½À), the observed decrease of the insertion loss (from its value obtained 
when the machine was positioned centrally so that all wall distances were large 
compared with ½À) was as high as 5 dB. Note that the machine-wall distance 
d includes the thickness of the intemal lining. As a general rule, machines with 
omnidirectional sound radiation should be positloned centrally. It is especially 
important to avoid positioning the no1sy s1de of machines very close to enclosure 
walls, doors, Windows, and ventilation openings. 

Machine Vibration Pattern. The msertion loss of an enclosure also depends 
on the specific vibration pattern of the machine, although that dependence appears 
to not be very strong. Experirnental investigations10<:,have shown that variation of 
the insertion loss was about ± 2.5 dB when measured with a loudspeaker mside 
the model machine and w1th excitation of the model rnachme by an ISO tapping 
machine. 

Flanking Transmission through the Floor. The potential insertion loss of an 
enclosure can be limited severely by flank:ing if the floor is directly exposed to 
vibration forces, the interna! sound field of the enclosure, or both. Figure 12.21 
shows typical enclosure installations ranging from the best to the worst w1th 
regard to flanking transmission via the floor. For most equipment it is imperative 
to provide vibration isolation, a structural break in the floor, or both to reduce 
the transnùssion of structure-borne excitation of the floor. Applicable prediction 
tools and isolation methods are described in Chapters 11 and 13. For the cases 
depicted m Figs. 12.21c,d, where the interior sound field directly impinges on 
the floor, the sound-induced vibration of the floor sets a limit to the achievable 
insertion loss of the enclosure. This linnt can be estimated roughly from 

(12.42) 

where Rp is the sound transrruss1on loss and ap is the radiation effic1ency of the 
floor slab. 

Relationship between lnside-Outside and Outside-lnside Trans­
mission. Acoustical enclosures are most frequently used to surround a noisy 
equipment for reducing the noise exposure of a receiver located outside of 
the enclosure. Less frequently, the enclosure surrounds the receiver (i.e. it is 
a cabm) to reduce its n01se exposure to a sound source located outs1de of 
the enclosure. The acoustlcal performance of the enclosure in the former case 
is given by its insertion loss m the inside-outs1de direction, IL,0 , while the 
latter is g1ven by its msertion loss m the outs1de-inside direction, ILoi. Ail of 
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FIGURE 12.21 of enclosure installations w1th regard to transnnss1on 
of the floor: (a) best; (b) good; (c) bad; (d) worst. 

our considerations in this chapter have dealt w1th sound transmrnsion from the 
ins1de to the outs1de. According to the pnnc1ple of reciprocity (see Chapter 11), 
exchanging the position of the source and receiver does not affect the transfer 
fonction. Though it 1S stnctly true only for pomt sound sources and receivers, 11 

also can be applied to extended sound sources and averaged observer positions 
m an enclosure, yielding ILw IL0 , . 

Example. To demonstrate the use of the prev1ously prov1ded design informa­
tion, predict the msertion loss of the large, acoustically lined, walk-in enclosure 
investigated experimentally in reference 10. The enclosure is 4.5 x 2.5 x 2.0 m 
high and 1s constructed of 1.5-mm-thick steel plates and has a 70-mm-thick 
intenor sound-absorbing lining. The sound transmission loss of the wall panels, 
Rw, given m Fig. 12.18 by the triangular data pomts, and the sound absorption 
coefficient of the interior panel surfaces, a, taken from reference 10, as a curve 
that monotonically mcreases from 0.16 at 100 Hz and reaches a plateau of 0.9 at 
600 Hz. The msertion loss is predicted by Eq. (12.38) usrng the followmg values: 
Sw, = Sw = 39 m2 , Lj SGj x 10-Roi/lO 104, SGj = 3.9 x 10- 3, assummg that 
leaks account for 1/100 percent of the wall surface area, that there are no 
silencer openmgs (Ss 0) and no structure-borne connections (WsB 0), and 
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that arr absorption (mV), the sound absorbed by the machine (S;a;), and power 
lost due to dissipation m the panels (SwD) and due to sound radiation (lo-Rw/ 10) 

are small compared w1th the power dissipated in the sound-absorbing treatment 
on the intenor wall surlaces. 
Then (12.38) srmplifies to 

(12.43) 10 lo Swa dB 
g ""' S X 10-Rw,!IO +""' SG. X 10-Ro;/IO L.i, Wt L; J 

The curve of insertion loss versus frequency predicted by Eq. (12.43) 1s repre­
sented by the open circles in Fig. 12.22, while the solid curve represents the 
measured data. The measured sound transmisston loss of the wall panels, Rw, is 
the dashed line and represents the limiting insertion loss that could be achieved 
only if there would be no leaks and the random-fuc1dence sound absorpuon coef­
ficient would approach unity. Observing Fig. note that the assumpt10n 
of 1/100 percent leaks (/J = 10- 4) y1elded a predictlon that matches reasonably 
well the measured data, which indicates that even such a very small percentage of 
leaks, which can be realized only if extreme care is exerc1sed during erectlng the 
enclosure and careful caulking of all leaks detected during the mitial performance 
checkout and careful adjustment of door gaskets, can substantially decrease the 
potent1al insert10n loss of an enclosure. 

Partial Enclosures 

When the work process of the machine or safety and maintenance requirements 
do not allow a full enclosure, a partial enclosure (defined as those with more 
than 10% open area) is used to reduce radiated noise. When a partial enclosure 
is far enough from the sound source not to cause an mcrease in source sound 

20 

10 0 
0 

0 .63 .12 .25 .5 1 2 4 8 
Fraquency, kl-lz 

FIGURE 12.22 Typ1cal acoustlcal performance of a leaky enclosure: (--) IL, roea­
sured by Ref. 10; (- - - - ) Rw, measured by Ref. 10; (0) IL, predicted by Eq. (12.43) for 
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power by hydrodyna:rmc interactions of the near field of the source w1th edges 
of the opening and the walls of the partial enclosure are not ng1dly connected 
to the vibratrng machine to serve as a sounding board, a partial enclosure can 
provide a modest msertion loss of 5 dB or less. According to reference 17, the 
power-based insertion loss of partial enclosure can be estimated by 

IL = 10 log [ 1 + a ( ~:n - 1)] dB (12.44) 

where Qtot is the solid angle of sound radiation of the unenclosed source and 
Üopen = Sopen/ r is the solid angle at which the enclosed source (located at a 
distancer) "sees" the opening of area Sapen· Reference 17 contains construction 
details, curves of measured msertion loss versus frequency, and cost informatrnn 
of 54 different partial enclosures. 

12.2 WRAPPINGS 

Many machmes and pipes need thermal insulation to provide protection of oper­
ating personnel or to prevent e~cess1ve heat loss. Typ1cally, they need a mimmum 
of 25-mm- (1-m.-) thick glass or ceranuc fiber blanket to achieve proper protec­
tion. Since many hot equipment, such as turbines, boiler feed pumps, compressor 
valves, and pipelines, are also sources of intense noise, 1t is frequently feasible 
to achieve both heat and acoustical insulatton by providing a (preferably) limp, 
impervious surface layer on top of thè¼p&:-ous blanket. The impervious surface 
layer also prov1des protection for the porous blanket. Acoustically, the combrna­
tion of the resilient blanket and the heavy, limp, impervious surface layer provide 
a spnng-mass isolation system. At frequenc1es where the mass impedance of the 
surface layer exceeds the combined stiffness impedance of the skeleton of tllese 
flexible blankets and the entrapped arr, the vibration amplitude of the surface 
layer becomes smaller tllan that of the machine surface and wrapping results 
in an insertion loss tllat monotonically mcreases w1th increasing frequency. The 
insertion loss of the wrapping is defined the same way as the insertJ.on loss of a 
close-fitting enclosure and for flat wrappings eau be predicted in a manner s1milar 
to that of the close-fittmg enclosure. 

The major difference between wrappmgs and close-fitting enclosures 1s that 
for wrappings tlle skeleton of tlle porous layer is m full surface contact witll 
the vibrating surface of tlle machine, but for tlle close-fitting enclosures there 
1s no such contact. Consequently, for wrappings the vibrating machine surface 
transmlts a pressure to the impervious surface layer not only through sound 
propagation m the voids between the fibers but also through the skeleton of the 
porous matenal. At low frequencies where tlle thickness of tlle porous layer, L, 1s 
much smaller than tlle acoustical wavelength, the porous layer eau be represented 
by a stiffness per unit area, Stot, tllat according to Mechel18 can be estimated as 

pc2 ) 
LrrfyR1h' 

N/m3 (12.45) 
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where SL is the stiffness of the trapped air, 

~ pc2 
SL = y Lh 1 N/m

3 
(12.46) 

y the adiabatic exponent, h' tlle poros1ty, f the frequency, and R1 the flow 
resistivity of tlle material, and SM 1s given by 

SM= (2nfo?Ps N/m3 (12.47) 

In Eq. (12.47) the symbol fo represents tlle measured resonance frequency of a 
mass-sprmg system cons1sting of a small rectangular or square-shaped sample 
of the porous material covered witll a metal plate of mass per unit area Ps· 
The resonance frequency is measured by putting tlle mass-spnng system on 
top of a shaker table and performing a frequency$weep. The second term in 
Eq. (12.45) accounts for the air that escapes along tlle penmeter P of a test 
sample of surface area A, used in tlle expenment to determine tlle resonance 
frequency fo according to Eq. (12.47). Young's modulus of the porous matenal 
1s then detennined as E = S00tf L, the speed of longitudinal waves in tlle porous 
layer as cL = ✓E/ PM, where PM is tlle density of the porous material, and tlle 
wavenumber as k = 2nf /cL. Characteristics of some frequently used tllermal 
insulation materials reported by Wood and Ungar19 are given below: 

Material 

Erco-Mat" 
Erco-Mat P 
Glass fiber1' 

"Nedled glass fiber lllSulation. 

Dynrunic Stiffness per 
Unit Area, SM 

(N/m3) 

1.3 X 107 

2 X 106 

4 X 104 

"Low-density Owens Corning Fiberglas blanket. 

Density, PM 
(kg/m3) 

138 
104 

12 

Considering the porous heat rnsulating layer as a wave-bearing medium. of 
density p and a complex Young's modulus E' = E(l + jr,) and characterizmg 
the impervious, limp surface layer by its mass per unit area Ps, Wood and Ungar19 

derived tlle analytical formula 

1 

Ps 
IL= 20 log cos(kL) - PML dB (12.48) 

where k = w/✓ E(l + }ri)/ PM is the complex propagation constant of the porous 
layer, T/ = 1/ Q the loss factor, and PsCù the mass impedance per unit area of tlle 
covering layer. 

At very low frequenc1es, where kL « 1, Eq. (12.48) can be approximated by 

ILL = 20 log\ 1 (!:!_)
2
] dB (12.49) 

L Wn 
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where Wn = E / Psl is the resonance frequency of a system consisting of a 
massless spnng of stiffness E / L and a mass Ps (per unit area). According to 
Eq. (12.49), the cladding provides no insertion loss for w « Wn and yields a 
negative insertion loss (amplifies the radiated sound) if w ~ Wn, 

For frequencies above the resonance frequency (w » Wn) the blanket provides 
an attenuation that increases monotonically wrth increasmg frequency. Noting that 
m Eq. (12.48) ne1ther the cosme nor the sme term can exceed umty, an upper 
bound for the curve of insertion loss versus frequency at high frequencies is 
obtained by19 

(12.50) 

Pipe Wrappings 

Pipe wrappings cons1st of a resilient porous layer and an impervious Jacket. The 
impervmus jacket is usually sheet metal or loaded plastic. They achieve their 
acoustical performance ma similar roanner as fiat wrappings. However, there 1s 

an unportant difference. While fiat wrappings do not increase the sound-radiating 
surface, when a wrapping 1s applied to a small-diameter pipe, .the diameter of 
the irnpervious Jacket can be substantially larger than that of the bare pipe. This 
increases both the radiating surface and the radiation efficiency. Accordingly, 
at low frequencies, below or slightly above the resonance frequency of the pipe 
wrapping, the insert10n loss is negative-I'o11t1ve insertion loss is usually achleved 
only above 200 Hz. 

According to Michelsen, Fntz, and Sazenhofen,20 the maximal achievable 
msertion loss of wrappings can be estimated by the empirical formula 

40 f 
ILmax = ----log --- dB 

1+0.12/D 2.2fo 
(12.51) 

where 
fo 60/ ✓ PsL Hz (12.52) 

where L 1s the th1ckness of the porous resilient layer and D is the pipe diameter, 
both in meters, and p., is the mass per umt area of the rmpervious Jacket in 
kilograms per square meter. 

Equation (12.51) 1s valid only if there are no structure-borne connections 
between the pipe and Jacket and for frequenc1es f :=::: 2f 0. Figure 12.23 shows 
curves of measured. insertion loss versus frequency obtained in reference 20 for 
typ1cal pipe wrapping cons1stmg of a galvanized steel jacket, thickness 
0.75-1 mm, and a porous resilient layer w1th the following parameters: 

Thickness L 
Denslty 
Flow res1stiv1ty 
Dynamic Young's modulus 

30, 60, 80, and 100 mm 
85-120 kg/m3 

3 x 104N s/m4 

2 x 105 N/m2 
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FIGURE ·12.23 Curves of measured msertion loss versus frequency of pipe wrappmgs. 
(After Ref. 20.) (a) Effect of layer thickness. (b) Effect of pipe diameter. 

Figure 12.23a shows the effect of layer thickness L on the msertion loss for a 
pipe of diameter D = 300 mm while Fig. 12.23b illustrates the effect of pipe 
diameter D for a constant layer thickness L 60 mm. The msertion loss above 
250 Hz mcreases with increasing thickness of the porous layer and with increas­
mg diameter of the bare pipe. The standard deviation of the measured msertion 
loss around that predicted by (12.52) was 4 dB. 

Note that spacers between the pipe and Jacket result m insertion loss values 
that may be substantially lower than those predicted by Eq. (12.50) unless the 
spacers are less stiff dynamically than the porous layer. 
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CHAPTER 13 

Vibration Isolation 

ERIC E. UNGAR AND JEFFREY A. ZAPFE 

Acentech, Inc. 
Cambridge, Massachusetts 

13.1 USES OF ISOLATION 

Vibration isolation refers to the use of comparatively resilient elements for the 
purpose of reducing the vibratory forces or motions that are transnutted from 
one structure or mechanical component to another. The resilient elements, wlnch 
may be visualized as sprtngs, are called vibrat10n 1solators. Vibration isolation is 
generally employed (1) to protect a sensitive item of eqmpment from vibrations 
of the structure on which it 1s supported or (2) to reduce the vibrations that are 
mduced in a structure by a machine it supports. Vibration isolation may also 
be used to reduce the transmission of vibrations to structural components whose 
attendant sound radiation one w1shes to control. 

13.2 CLASSICAL MODEL 

Mass-Spring-Dashpot System 

Many aspects of vibration isolation can be understood from analysis of an 1deal, 
linear, one-dimensional, purely translational mass-spring-dashpot system like 
that sketched in 13.1. The isolator is represented by the parallel combination 
of a massless spring of stiffness k (which produces a restoring force proport10nal 
to the displacement) and a massless <lamper with viscous darnpmg coefficient 
c (which produces a force proportional to the velocity and opposing it). The 
ngid mass m, wh1ch here is taken to move only vert1cally and without rotation, 
corresponds e1ther to an item to be protected (Fig. 13.la) or to a machine frame 
on which a vibratory force acts (Fig. 13.lb). 

Transmissibility 

Although the mass-spring-dashpot diagrarns of 13.la and b are simi­
lar, they describe physically different sltuatmns. In Fig. 13.la, the support S is 
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CHAPTER 13 
\, 

Vibration Isolation 

ERIC E. UNGAR AND JEFFREY A. ZAPFE 

Acentech, Inc. 
Cambridge, Massachusetts 

13.1 USES OF ISOLATION 

Vibration isolation refers to the use of comparatively resilient elements for the 
purpose of reducing the vibratory forces or mottons that are transmitted from 
one structure or mechanical component to another. The resilient elements, whlch 
may be visualized as springs, are called vibration 1solators. Vibration isolation is 
generally employed (1) to protect a sensitive item of equipment from vibranons 
of the structure on whlch it is supported or (2) to reduce the vibrations that are 
induced rn a structure by a machlne it supports. Vibration isolation may also 
be used to reduce the transmission of vibrations to structural cornponents whose 
attendant sound radiation one w1shes to control. 

13.2 CLASSICAL MODEL 

Mass-Spring-Dashpot System 

Many aspects of vibration isolation can be understood from analysis of an ideal, 
linear, one-dimensional, purèly translational mass-spring-dashpot system like 
that sketched in Fig. 13.1. The isolator is represented by the parallel combination 
of a massless spring of stiffness k (whlch produces a restonng force proport1onal 
to the displacement) and a massless darnper with v1scous dampmg coefficient 
c (which produces a force proportional to the velocity and opposing it). The 
rigid mass m, whlch here 1s taken to move only vert1cally and without rotation, 
corresponds either to an item to be protected (Fig. 13.la) or to a machine frame 
on which a vibratory force acts 13.lb). 

Transmîssibility 

Although the rnass-spring-dashpot diagrams of Fîgs. 13.la and b are snm­
lar, they describe phys1cally different situations. In Fig. 13.la, the support S 1s 
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(a) 

(c) 

FIGURE 13.1 One-dimensional translatlonal mass-spring-dashpot system: (a) excited 
by support motion; (b) exc1ted by force acting on mass; (c) force F, between isolator and 
support. 

'Y?.._, __ ,$ 

assumed to vibrate vertically w1th a prescribed amplitude Xs at a given frequency; 
the purpose of the isolator is to keep the displacement amplitude Xm of mass m 
acceptably small. In Fig. 13.lb, a force of a prescribed amplitude F1 at a given 
frequency 1s assumed to act on mass m; the purpose of the isolator is to keep 
the amplitude of the force that acts on the support withm acceptable limits, 
thereby also keepmg the support's resulting motion adequately small. 

For the situation represented by Fig. 13.la, the ratio T Xm/ Xs of the ampli-
tude of the mass' displacement to that of the disturbing displacement of the 
support S is called the (motion) tranSilllSSibility. For the s1tuation represented 
by Fig. 13.lb, the ratio Tp = Fs/ F1 of the amplitude of the force transmitted to 
the support S to that of the disturbmg force is called the force transmissibility. 
In many practical mstances corresponding to force excitation as represented by 
Fig. 13.lb, the support 1s so stiff or massive that its displacement may be taken 
to be zero. It turns out that the force transmissibility obtained w1th an immo­
bile support (for the case of Fig. 13.lb) is by the same express10n as the 
motion transnùssibility (for the case of Fig. 13.la),* namely,L2 

(13.1) 

*This holds not only for the srmple system of Fig. 13.1, but also for any mathematically 
linear Because of th1s equality, the literature generally does not differentiate between the 
two types of transmissibility. 
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where r f / fn is the rat10 of the excitation frequency to the natural frequency 
of the mass-spring system and Ç = c/cc, wh1ch 1s called the damping ratio, is 
the rauo of the system' s v1scous damping coefficient c to its critical damping 
coefficient Cc, 

The cria.cal damping coefficient is g1ven by Cc 2../km = 4:ir fnm. The natural 
frequency fn of a spnng-mass system obeys1•2 

2nfn = If (13.2) 

where g denotes the acceleratlon of gravity, W the weight associated with the 
mass m, and Xst the static deflection of the spring due to this weight. In custom­
ary units, 

fn(Hz),:::, 15.76, ,:::, _3_.1_3 _ 
,JXst(mm) ,JXs1(in.) 

(13.3) 

The relation Xst = k/W and Eq. (13.3) hold only if the spring 1s mathe­
matically linear-that is, if the slope of the spring's force-deflection curve 
(which slope corresponds to the stiffness k) is constant. For small-amplitude 
vibrations about an equilibnum deflection one may take k in the first form of 
Eq. (13.2) as the slope dF /dx of the spring's foree-deflection curve* at the 
spring's static deflection under an applied load W. However, for some prac­
tical isolators, notably those mcorporatmg elastomeric materials, the effective 
dynamic stiffness may be considerably greater than that obtained from a quasi­
static force-deflection curve.4 

Figure 13.2 shows curves based on Eq. (13.1) for several values of the damp­
ing ratio. For small frequency ratios, r « l, the transrmssibility T is approx­
lillately equal to urnty; the motion or force is transmitted essentially w1thout 
attenuation or amplification. For values of r near 1.0, T becomes large (at r = 1 
or f = fn, T = l/2Ç); the system responds at resonance, resulting in amplifica­
tion of the motion or force. All curves pass through urnty at r = ...fi. 

For r > ...fi, T is less than unity and decreases continually w1th mcreasing r. 
In this h1gh-frequency range, which may be called the zsolation range, the mertia 
of the mass plays the dominant role m lirniting the mass excursion and thus in 
u.uau.w.,, 5 the mass' response to support displacement or to forces actmg on the 
mass. Thus, if one desrres to achieve good isolation, which corresponds to small 
transrmssibility, one needs to choose an isolator w1th the smallest possible k (i.e., 
wrth the largest pract1cal stanc deflection Xst) m order to obtam the smallest / 11 

and the greatest value of r flfn for a given excitation frequency. 

*Nonlinear spnng elements for wlnch k dF /dx is proportional to the applied load W m a given 
range are the basis for isolators which have the pract1cal advantage of providing the same natural 
frequency for ail loads m the g1ven range.4 
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FIGURE 13.2 Transrn1ssibility of mass-spnng-damper system of Fig. 13.1 from 
Eqs. (13.1) and (13.4). 

Isolation Efficiency 

The performance of an isolation system is sometimes characterized by the iso­
lation efficiency I, which is g1ven by I = 1 - T. Whereas the transmissibility 
indicates the fract10n of the disturbmg motion or force that 1s transmitted, the 
isolation efficiency indicates the fract10n by which the transrmtted disturbance 
is less than the excitation. Isolation efficiency 1s often expressed m percent. For 
example, if the transrmssibility 1s 0.0085, the isolation efficiency 1s 0.9915, or 
99.15%, mdicating that 99.15% of the disturbance does not "get through" the 
isolator. 
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Effect of Camping 

In the isolation range, that is, for frequency ratios r > h, increased viscous 
damping results in increased transmissibility, as evident from 13.2 or 
Eq. (13.1). Although this fact 1s mentioned in many texts, it is of little practical 
consequence for two reasons. First, in practice one rarely encounters systems 
with dampmg ratios that are greater than 0.1 unless high damping rn designed 
mto a on purpose-and small values of the damping ratio, and certainly 
small changes in that dampmg ratio, have little effect on transmi~sibility. Second, 
Eq. (13.1) and Fig. 13.2 pertain only to viscously darnped systems, in which a 
<lamper produces a retarding force that is proport10nal to the veloc1ty. Although 
such systems have been studied most extens1vely (largely because they are 
relatlvely easy to analyze mathematically), the retarding forces m prachcal 
systems generally have other parameter dependences. 

The effect of dampmg in practical 1solators is generally better represented by 
structural dampmg than by viscous dampmg. In structural damping, the retarding 
force acts to oppose the motion, as m v1scous damping, but is proportional to 
the displacement. For structurally damped systems,2 

(13.4) 

where ri denotes the loss jàctor of the system.* 
If a structurally damped system has the same amplification at the natural fre­

quency as a similar viscously damped system, then 7/ = 21;. The transmissibility 
of a structurally damped system m the isolation range increases much less raptdly 
with increasing dampmg than does that of a system with viscous damping, as 
evident from Fig. 13.2. 

In practical isolation arrangements the damping typ1cally is very small, that is, 
l; < 0.1. For such small amounts of damping, the transmissibility in the isolation 
range differs little from that for zero damping, so that one may approximate the 
transmissibility in that range by 

(13.5) 

where the rightmost expression applies for r 2 (f / fn) 2 » L 

Effects of lnertia Bases 

An isolated machme 1s often mounted on a massive support, generally called an 
inertia base, to increase the isolated mass. If the isolators are not changed as 

'The loss factor 17 m Eq. (13.4) may be taken to vary with frequency as determinect from expenmental 
data. See Chapter 14. 
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the mass is increased, then the natural frequency of the system is reduced, the 
frequency ratio r corresponding to a given excitation frequency is increased, and 
the transrnissibility 1s reduced; that 1s, isolation is improved. 

However, practical cons1derations, such as the load-carrying capacltles of iso­
lators, usually dictate that the total 1solator stiffness be mcreased* as the mass is 
increased, with the static deflection changing little. (In fact, conventional com­
mercial isolators typically are specified in terms of the loads they can carry 
and the corresponding static deflection.) As ev1dent from Eq. {13.3), the natu­
ral frequency remams unchanged if the static deflection remains unchanged, and 
addition of an mertia base then does not change the transrnissibility. 

Thus, mertrn bases in practice typ1cally do not improve isolation significantly. 
They are of some benefit, however: With a greater mass supported on stiffer 
spnngs, forces that act directly on the 1Solated mass produce smaller static and 
vibratory displacements of that mass. 

Effect of Machine Speed 

In a rotating or reciprocatmg machine, the dominant excitation forces gener­
ally are due to dynarnic unbalance and occur at frequencies that correspond • 
to the machine' s rotational speed and/or multiples of that speed. Greater speed 
thus corresponds to increased excitation frequencies and larger values of r-and 
therefore to reduced transrnissibility (or improved isolation). As evident from 
Eq. (13.1) or (13.5), the transrnissibilrtyLthe ratio of the transrnitted to the 
excitation force-becomes smaller as the speed (and the excitation frequency) 
is increased; in the isolation range, the transmissibility is very nearly mversely 
proportional to the square of the excitation frequency. However, the excitation 
forces assocrnted with unbalance vary as the square of speed (and frequency) and 
thus mcrease w1th speed about as much as the transrmssibility decreases. The net 
result is that the magmtudes of the forces that are transrnitted to the supporting 
structure are virtually unaffected by speed changes, although speed changes do 
affect the frequenc1es at wh1ch these forces occur. 

Limitations of Classical Model 

Although the linear smgle-degree-of-freedom model provides some useful 
insights mto the behavior of isolation systems, it obviously does not account 
for many aspects of realistic installations. Clearly, real springs are not massless 
and may be nonlinear, and real machine frames and supporting structures are not 
ngid. Resiliently supported masses generally move not only vertically but also 
honzontally-and they also tend to rock. 

In simple classical analyses, furthermore, the magnitude of the excitmg force 
or motion 1s taken as constant and mdependent of the resulting response, whereas 

*Note that the smgle spring and dashpot in the schemal:lc diagrams of Fig. 13.1 represent the entire 
1solat10n system, whl.ch in reality may consist of many isolators. Addinon of 1solators amounts to 
an mcrease m the stiffness of the isolal:lon system. 
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in actual situations the excitation often depends significantly on the response, as 
discussed in Section 13.4 under Loading of Sources. 

13.3 ISOLATION OF THREE-DIMENSIONAL MASSES 

General 

Unlike the simple modèl shown m 13.1, where the mass can only move ver­
tically without rotation and the system has onJy one natural frequency, an actual 
rigid three-dimensional mass has six degrees of freedom; it eau translate m three 
coordinate directions and rotate about three axes. An elastically supported rigid 
mass thus has six natural frequencies. A nonngid mass has many additional ones 
associated with its deformations. Obtaining effective isolation here requires that 
all of the natural frequenc1es fall considerably below the excitation frequencies of 
concem. Descriptions of the natural frequencies and responses of general isolated 
rigid masses are available3

•
5 but are so complex that they provide little practical 

msight and tend to be used only rarely for design purposes. 

Coupling of Vertical Motion and Rocking 

Figure 13.3 1s a schematic diagram of a mass m supported on two isolators in 
a plane through its center of grav1ty, parallel to the plane of the paper (or on 
two rows of 1solators extending in the direction perpendicular to the plane of the 
paper) with stiffnesses k1 and k2 located at distances a1 and a2 from the mass' 
center of grav1ty. One may visualize easily that a downward force applied at the 
center of gravity of the mass in general wpuld produce not only a downward 
displacement of the center of gravity but also a rotation of the mass, the latter 
due to the moment resulting from the isolator forces. Sirnilarly, purely vertical 
up-and-down motion of the support S would in general result in rocking of the 
mass, in addition to 1ts vertical translation. Vertical and rockmg motions here are 
said to be "coupled." 

The natural frequency fv at whlch pure vertical vibration would occur if the 
mass would not rock (i.e., the "uncoupled" vertical natural frequency) 1s given by 

(13.6) 

1 

~m,J 

1 

k1f lk2 
SI 

1 
~al .1. a2--I 

FIGURE 13.3 Mass m w1th moment of inertm J supported on two isolators. 
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The natural frequency fr at which the mass would rock if its center of gravity 
would not move vertically (i.e., the uncoupled rock:mg frequency) is given by 

2Ttfr = (13.7) 

where J denotes the mass polar moment of inertJ.a about an axis through the 
mass' center of the gravity and perpendicular to the plane of the paper. 

The rocking frequency fr may be either smaller or larger than /,,. In the gen­
eral case, the two natural frequencies of the system differ from both of these 
frequencies and correspond to motions that combine rotation and vertical transla­
tion (but w1thout rotation out of the plane of the paper). These "coupled" motion 
frequencies always lie above and below the foregoing uncoupled motion frequen­
cies; that is, one of the coupled motion frequencies lies below both fv and fr 
and the other lies above both fv and fr; coupling m effect increases the spread 
between the natural frequencies.6•7 

The presence of coupled motions complicates the isolation problem because 
one needs to ensure that both of the coupled natural frequencies fall considerably. 
below the excitation frequencies of concern. To eliminate this complication, one 
may select the locations and stiffnesses of the isolators so that the forces produced 
by them when the mass moves downward without rotation result in zero net 
moment about the center of grav1ty. This. fijtuation occurs if the isolators are linear 
and designed so that they have the same static defl.ection under the static loads 
to wh1ch they are subject. (Selection of isolators that have the same unloaded 
height as well as the same static deflection results also m keeping the isolated 
equipment level.) Then fv and fr of Eqs. (13.6) and (13.7) are the system's 
actual natural frequenc1es, and vertical forces at the center of gravity or vertical 
support motions produce no rocking. 

Effect of Horizontal Stiffness of lsolators 

In the foregomg discussion, honzontal translational motions and the effects of 
honzontal stiffnesses of the isolators were neglected. However, any real isolator 
that supports a vertical load also has a finite horizontal stiffness, and in some 
systems separate horizontally acting isolators may be present. Figure 13.4 is a 
schematic diagram of a mass on two vertical isolators ( or on two rows of such 
1solators extending perpendicular to the plane of the paper) with stiffnesses k1 
and k2 . The effects of the horizontal stiffnesses of these isolators or of separate 
honzontally acting isolators are represented by the horizontally acting spring 
elernents with stiffnesses h1 and h2, here assurned to act in the same plane at a 
distance b below the center of gravity of the mass. 

The system of 13.4 has three degrees of freedom and therefore three 
natural frequencies. If the vertically acting isolators are selected and positioned 
so that they have the same starie deflection, then (as discussed in the foregoing 
section) there is very little coupling between the vertical translational and the 
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FIGURE 13.4 Mass m wiih moment of mertia J supported by two vemcally and two 
collinear honzontally acting isolators. 

rocking motions, and the natural frequency corresponding to vertical translation 
is g1ven by (13.6). The other two natural frequencies, wh1ch are assoc1ated 
with combined rotation and horizontal translation, are g1ven by the two values 
of !H one may obtam from6•7 

where 

j: = (N ± ✓N2 - SB).112 

B = ark1 + aJk2 
r2(k1 + k2) 

(13.8) 

(13.8a) 

Here, r2 J / m represents the square of the radius of gyrat10n of the mass about 
an axis through lts center of gravity. 

For a rectangular mass of unifonn density, the center of gravity 1s m the 
geometric center and the radius of gyration r obeys r 2 = -b,(H2 + L2), where H 
and L represent the lengths of the vertical and horizontal edges of the mass (in 
the plane of Fig. 13.4). 

Nonrigidity of Mass or Support 

If the mass of Fig. 13. la is flexible instead of rigid and has a resonance at a 
certain frequency, then 1t will deflect (by deforming) cons1derably in response to 
excitation at that frequency, resulting m large transmissibility and thus in poor 
isolation. An analogons situation occurs if the system of Fig. 13.lb is excited at 
a resonance frequency of the support. 

Figure 13.5 is a schemaüc diagram representlng the vertical translational 
motion of a machine isolated from a nonrig1d support, where the support 1s 
represented by a sprmg-rnass system, corresponding, for example, to the stat1c 
stiffness of a building' s floor and to the effective mass that partic1pates in the 
floor' s vibration at its fundamental resonance. Isolator and floor dampmg have 
little effect on the off-resonance vibrations and may be neglected for the sake 
of simplicity. If fM denotes the natural frequency of the 1solated rnachme on a 
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FIGURE 13.5 Schematic representation of isolated machine on nonngid support struc­
ture. Machine is represented by mass m subject to oscillatory force F; isolator 1s repre­
sented by spnng k. Support structure 1s represented by effective mass m, on spring ks. 

ngid support and f s represents the natural frequency of the support w1thout ·the 
machine in place, so that 

2nfu= (13.9) 

then the force transrnissibîlity, that 1s, the ratio of the magnitude of the force Fs 
transrmtted to the support to that of the excitation force F, may be written as 

Fs 1 1 R
2 

• 
= F = (1 R2)(1- R2 G2 ) - R 2/M 1 (l 3.l0) 

where R f/fs, G fs!fM, and M m/ms with f representing the excitation 
frequency. 

Figure 13.6 shows a plot of the transm1ssibility calculated frorn Bq. (13.10) 
for the illustrative case where M = ½, G 2, together with a corresponding 
plot of the transmissibility that would-be obtamed with an nnmobile (infinitely 
rigid) support. For excitation frequenc1es that fall between the two resonance 
frequenctes of the system with the nonrigid support, the transmissibility obtained 
with the nonrig1d support is less than that with the ngid support; the reverse 1s 
true for excitation frequenc1es above the upper of the two resonance frequen­
cies. For sufficiently hlgh excitation frequencies, the difference between the two 
transrmssibilities becomes negligible. 

The two resonance frequenc1es fc of the system with the nonrigid support 
may be found from 

(13.11) 
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FIGURE 13.6 Companson of transIIllssibilit1es obtamed w1th rigid and sup­
ports. Curves were obtained from (13.1) and (13.10) for zero damping and for mass 
ratm M m/ms ½ and system frequency ratio G l~ll\1 = 2. Resonance frequen­
cies and fc2 of coupled system and f M and fs of uncoupled machme and support are 
indicated on the frequency scale. 

with G and M defined as indi.cated after (13.10). The higher resonance fre­
quency, obtained with the plus sign in Eq. (13.11), always lies above both fM 
and fs; the lower resonance frequency, obtained w1th the minus sign, always lies 
below both fu and fs, 

13.4 HIGH-FREQUENCY CONSIDERATIONS 

Although the relatwns discussed in the foregoing sections usually suffice for 
analysis and design m cases where only relat1vely low frequenc1es are of concem 
(i.e., for frequencies that are generally below the resonance frequencies of the 
machine and support structures themselves ), at higher frequencies there occur 
complications that may need to be taken mto account. At high frequencies, the 
isolated item and the support structure cease to behave as rig1d masses, 1solators 
may exhibit mtemal resonances, and vibratmn sources tend to be affected by 
"loading." 

Loading of Sources 

Loading of a source refers to the reductmn of the source' s vibratory motion that 
results from a force that opposes thls motion. For example, the vibrations of a 
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sheet metal enclosure tend to be reduced by the opposing forces produced when 
a hand is placed agamst 1t. Similarly, a faetory floor that vibrates with a certam 
amplitude tends to vibrate less when a (nonvibratmg) machine is bolted to lt as 
the result of reaction forces produced by the machine. 

In the latter example, if the machine 1s isolated from the floor, lt is likely to 
produce smaller reaction forces on the floor than 1t would produce if it 1s bolted 
ngidly to the floor, and the floor may be expected to vibrate more if the machme 
is isolated than if 1t 1s ngidly fastened to the floor. Since greater floor vibrat10ns 
then are transmitted to the machine, use of isolation will protect the machine less 
. than anticipated from transmissibility considerations. 

To be able to evaluate how much protection of the machine the 1solator pro­
vides in this case. one needs a quantitative descnption of the source's response to 
loading. One may obtam such a description by measuring the motion produced 
by the source as it acts on several different masses or structures with different 
dynam1c charactenstics (impedances), which produce different (known or mea­
surable) react10n forces. For prediction purposes, it often suffices to assume that 
the source's response to loading at any given frequency is "linear"; that is, the 
motion amplitude produced by the source decreases m proportion to the ampli­
tude Fo of the reaction force (winch is equal to the amplitude of the force that the 
source generates). One may describe source motions at a given frequency equally 
well m terms of acceleration, displacement, or velocity, but use of velocity has 
become customary. For a linear source one may express the dependence of the 
source' s velocity amplitude V0 on the~for:ce as8 

Vo M,Fo (13.12) 

Here represents the velocity amplitude that the source generates if it is free 
of reactlon forces, that is, if 1t produces zero force. (In general, the parameters 

and Ms for a given source may be different for different frequenc1es.) The 
quantity Ms, which mdicates how rapidly V0 decreases w1th increasmg is 
known as the source mobility and may be found from Ms = Vrreel Fblockect, where 

denotes the force amplitude obtamed if the source is "blocked" so that 1t 

has zero veloc1ty Va. 
One may readily verify that Ms O corresponds to a velocity source, that is, to 

a source whose output velocity amplitude 1s constant, regardless of the magrutude 
of its output force F0. Similarly, infinite Ms corresponds to aforce source, whose 
output force Fois constant and mdependent of its output velocity.8 (For example, 
a rotatmg unbalanced mass generates forces that are virtually independent of its 
support motions and thus acts essentially like a force source. On the other hand, 
a piston driven by a shaft w1th a large flywheel moves at essentially the same 
amplitude regardless of the force acting on it and thus behaves like a veloc1ty 
source.) 

Isolation Effectiveness 3,8 

In the presence of significant source loading, one cannot evaluate the performance 
of an isolation system on the basis of transrmssibility because in the definition 
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of transnussibility the magmtudes of the disturbances are prescribed and thus, in 
effect, are taken as constant. A measure of ISolation performance that is useful 
in the presence of loading is the so-called isolation ejfectiveness E. Isolation 
effectlveness is defined as the ratio of the magmtude of the vibrational velocity 
of the item to be protected (called the "rece1ver") that results if the item is 
rigidly connected to the source to the magnitude of the receiver's veloc1ty that is 
obtained if the 1solator is inserted between the source and the receiver m place 
of the ngid connection. The defimtion of isolation effectiveness 1s analogons to 
that of msertion loss in arrbome acoustics . 

If the receiver veloclty VR is proportional to the force FR that acts on the 
receiver, so that VR = MRFR, where MR is called receiver mobility,* then the 
isolation effectiveness may be expressed m terms of a ratio of forces acting on 
the rece1ver as well as of a ratio of rece1ver veloclties, naniely, 

E (13.13) 

where the added subscnpt r refers to the case m which a ngid connection replaces 
the isolator and the subscript i refers to the situation where the isolator is present. 

Whereas small transrmssibility T corresponds to good isolation, 1t is large 
values of E that imply effective isolation. For this reason, the reciprocal of the 
effecnveness 1s sometlmes used to characterize the performance of an isolation 
system. Although this reciprocal differs from the transrnissibility T m the general 
situation where the source is affected by loading, in the special case of sources 
that are unaffected by loading (i.e., for sources that generate load-mdependent 
velocity or force amplitudes), E 1/T 

Effectiveness of Massless Linear lsolator 

An isolator may be cons1dered as "massless" if it transnuts whatever force is 
applied to 1t. (Equal and opposite forces must act on the two s1des of a massless 
1solator if it is not to accelerate infimtely.) A "linear" isolator 1s one whose 
deflect10n is proportional to the applied force. The velocity difference across 
such an isolator at any frequency then is also proportional to the applied force, 
and the ratio of the magnitude of this velocity difference to that of the applied 
force is called the isolator' s mobility MI. Like the reciprocal of isolator stiffness, 
1vf1 is large for a soft 1solator and zero for a ngid isolator. 

For a massless linear 1solator, the effectiveness obeys8•11 

E (13.14) 

"Mobilities of rece1vers at the1r attachment points may be estnnated analyt:lcally for simple config­
urauons (e.g., refs. 9 and 10) or may be measured (as functions of frequency). The veloc1t:1es and 
forces usually are expressed m ternis of complex numbers, or phasors, which indicate both the mag­
mtudes and the relatrve phases of smusoidally varymg quant.lues. Mobilities then also are complex 
quantit:les in general. 



570 VIBRATION ISOLATION 

At a resonance of the receiver. the rece1ver's vibratory veloc1ty VR resultmg 
from a g1ven force FR 1s so that the receiver' s mobility is large. In v1ew 
of Eq. (13.14), the effectiveness of an 1solator is small in the presence of such 
a resonance. 

Equation (13.14) also indicates that the effectlveness 1s small if the source 
mobility Ms is large. For a force source, for wh:tch Ms is infinite, the effec­
tiveness is equal to unity, unplying that the rece1ver vibrates JUSt as much with 
the isolator in place as it does if the isolator is replaced by a ngid connection. 
This initially somewhat surprismg result is correct: After all, the force source 
generates the same force, regardless of the velocity or displacement it produces, 
and the isolator transinits all of this force, with a softer isolator merely leading 
to greater displacement of the source at its output pomt. 

Consequences of lsolator Mass Effects 

Isolator mass effects may be neglected-that 1s, an isolator may be considered as 
massless-as long as the frequencies under consideration are appreciably lower 
than the first rnternal or standing-wave resonance frequency of the 1Solator.~ Such 
standing-wave resonances tend to reduce the 1solator's effectiveness severely, as 
illustrated by Fig. 13.7. This shows the calculated transIU1ssibility of a leaf 
spnng modeled as a uniform cantilever beam. The upper left-hand corner of the 
plot may be recogmzed as the usual tràiis'rnissibility curve (similar to Fig. 13.2) 
m the V1c1mty of the resonance frequency fn = (1/211:)./fTm obtained for a 
massless 1solator. With increasing excitation frequency the transnnssibility does 
not decrease monotonically, as lt would for a massless spring (see curve for 
msp O); mstead, there occur secondary peaks associated w1th standing-wave 
resonances of the beam. The frequency at which these peaks begin to occur 
increases as the ratio of the isolated -mass m to the mass msp of the sprmg 
increases. Although m the only two peaks are shown for each mass ratio, 
there actually occurs a succession of peaks that become more closely spaced w1th 
increasing frequency. The magnitude of these peaks decreases with increasing 
damping. 

To reduce the effects of standing-wave resonances, one thus needs to select an 
1solator with relatively high dampmg and a configuration for which the onset of 
standing-wave resonances occurs at comparatively high frequencies. This 1IUplies 
use of a material w1th h:tgh stiffness-to-we1ght ratio or, equivalently, with a h:tgh 
longitudinal wave velocity (where E denotes the matenal's modulus of 
elasticity and p lts density), and also use of a configurat10n with small overall 
dimensions. 

* At lower frequenc1es, the only effect of the mass of the 1solator 1s to reduce slightly the fundarnental 
resonance frequency of the system. The modified resonance frequency may be calculated from the 
isolator stiffness and a mass consistmg of the isolated mass plus a fraction of the mass of the 1solator. 
If the 1solator consists of a uniform spnng or pad in compression or shear, the fraction 1s 1; if the 
1solaior couslsts of a uniform cantilever beam, the fraction is approximately 0.24. 
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FIGURE 13.7 Effect of isolator mass and dampmg on transrmssibility of unifonn can­
tilever for three values of ratioµ,= m/m,p of isolated mass to mass of cantilever spnng. 
(After Refs. 11 and 12.) Solid calculated lines are for loss factor rJ 0.1; dashed lines 
for rJ = 0.6. (]Measured result shown is from Ref. 13.) Frequency 1s normalized to fn, the 
fundamental resonance frequency obtamed with a massless spnng. 

The isolation effectiveness at any specified frequency of a system m which 
isolator mass effects are not negligible 1s by8 

E 

1 

1 

a I Il Ms MR ( Ms) 1 

Ms-+ MR 1 + Mtsb + M1rb \ l + M1sf 

1 ( 1 1 ) 
M1rb Mzsb MzsJ 

(13.15) 

where M1sb denotes the isolator mobility (i.e., the veloc1ty-to-force ratio) mea­
sured on the source side of the 1solator if the rece1ver s1de of the isolator 1s 
"blocked" (i.e., prevented frorn moving), M1rb denotes the mobility measured 
on the receiver side of the rsolator if the source s1de is blocked, and M 1sf 

denotes the mobility measured on the source side if the rece1ver side 1s ''free" 
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or unconstramed. One may readily verify that Eq. (13.15) reduces to Eq. (13.14) 
for massless isolators, for which Mzsb = Mtrb = M1 and Mzsf is infinite. 

13.5 TWO-STAGE ISOLATION 

A force applied to one s1de of a massless 1solator, as has been mentioned, must 
be balanced by an equal and opposite force at the other side of the isolator. This 
is not the case for an isolator that incorporates some mass, because the force 
applied to one s1de then is balanced by the sum of the mertia force and the force 
acting on the other s1de of the 1solator. Thus, unlike for a massless isolator, the 
force transmitted by an isolator with mass can be less than the applied force. 

One may realize such a force reduction benefit, even at low frequenc1es at 
wh1ch mass effects in isolators themselves are negligible, by adding a lmnped 
mass "ins1de" an JSolator. One may v1sualize this concept by cons1dering a spring 
that is eut into two lengths with a ng1d block of mass welded m place between 
the two parts, resulting m an 1solator consisting of two lengths of spring with 
a mass between them. If a mass m 1s mounted atop this isolator, one obtams a 
system that may be represented by a diagram like that of Fig. 13.8a. Because 
this system consists of a cascade of two spring-mass systems, 1t is said to have 
two stages of ISolation. 

Transmissibility 

The system of Fig. 13.8a has two natural frequenc1es lb that may be found from 

(1Y Q±JQ2-B2 Q = ! (B2 + 1 + k2) 
2 k1 

(13.16) 

where 

2n fI = Y/ k1 + k2 
1 

B= 2nfo = (13.16a) 
fo m1 ✓m(l/k1 + l/k2) 

(a) (b) 

m m 

k1 M11 

m, 

k:2 M12 

s s 
FIGURE 13.8 Two-stage 1solauon w1th llltermediate mass m 1: (a) spnngs; (b) general 
isolation elements. 
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The frequency fo is the natural frequency of the system m the absence of any 
included mass m 1, that 1s, it is the natural frequency of a conventional simple 
single-stage system. The frequency J1 is the natural frequency of mass m I moving 
between the two spnngs, with mass m held completely rmmobile. The upper 
frequency /b, which one obtams if one uses the plus sign-before the square root, 
always is greater than both fo and JI; the lower frequency fb, corresponding to 
the minus s1gn, always falls below both fo and f 1 . 

The transmissibility of a two-stage system like that of Fig. 13.8a obeys 

1 

T 
1 _ 1 ( f )

4 
[ 1 + k2/ k1] ( f )

2 
• ~ ( J2 )

2 
-- - - 1+---,-- - -i-1~ -

Tpo B2 fo B2 fo fofz 
(13.17) 

where the last approx1mate expression applies for h1gh frequenc1es, namely, for 
excitation frequenc1es that are much greater than both f O and h. 

Figure 13.9 shows an illustratlve plot of the transmissibility of an undamped 
two-stage system with B = JI! fo = 5 and k2/ k1 = 1, together w1th a plot of 
the transmissibility of an (undamped) single-stage system. The second natural 
frequency of the two-stage system ( at fi fo ~ 5 .1) is clearly ev1dent, as is the 
subsequent rap1d decrease m that system' s transm1ssibility w1th increasmg fre­
quency. At high frequencies, that is, a little above the aforementioned second 
natural frequency, the transmissibility of the two-stage system may be seen to 
be smaller than that of a single-stage system with the same fondamental natural 
frequency. As evident from Eq. (13.17), the high-frequency transmissibility of 
a two-stage system vanes inversely as the fourth power of the excitation fre­
quency, whereas Eq. (13.5) indicates that the transmissibility of a smgle-stage 
system vanes inversely as only the second power of the exc1tat10n frequency. 

The advantage of a two-stage system over a single-stage system 1s that it results 
in greatly reduced transrmssibility at high frequenc1es (i.e., above the higher of its 
two natural frequenc1es). It has the disadvantage that it introduces an addit10nal 
transmissibility peak at a low frequency (i.e., at 1ts second natural frequency). 
Thus, two-stage isolauon 1S benefic1al m general only if the aforementioned sec­
ond natural frequency is somewhat lower than the lowest excitation frequency 
of concem. Thus, to reap the benefit of a two-stage system, one typically needs 
a relatively large mtermediate mass m 1 . Where several Items need to be 1s0-

lated, It often 1s advantageous to support these on a common massive platform 
( often called a "subbase" or "raft"), to isolate each item from the platform, and 
to isolate the platform from the structure that supports it. In this arrangement the 
platform serves as a relatively large rntermediate mass for each of the isolated 
items, resulting m efficient two-stage isolation performance with comparatively 
small weight penalty. 

Isolation Effectiveness 

Although the foregoing results apply strictly only to isolators w1thout dampmg, 
they also prov1de a reasonable approximation to the behavior of lightly damped 
systems, except near the natural frequencies. To account for high damping or more 
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FIGURE 13.9 Transmissibility of two-stage system. Calculated from Eq. (13.17) for 
ki/k1 1 and B = fdfo 5. 

complicated linear 1solator config)lfations (e.g., where each 1solator is modeled by 
various senes and parallel combinations of Springs and dampers), it is convement 
to represent each isolator by its mobility. A corresponding diagram appears in 

13.8b. As has been discussed m Section 13.4, the source mobility Ms 
is a measure of a vibration source' s susceptibility to loading effects, and the 
ISolation effectiveness E is a rneasure of the isolation performance, which, unlike 
transrnissibility, takes loading effects into account. Ifbne takes S m Fig. 13.8b 
to represent a general linear source and replaces the mass m by a general linear 
rece1ver with mobility MR, one obtains a general linear two-stage system whose 
effectiveness one rnay wnte as8 

(13.18) 
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where 

l::,.E = (Mn + Ms)(M12 + MR) 
Mm(Ms+MR) 

(13.18a) 

One may recognize E1 as corresponding to the effectiveness of a single-stage 
system [see (13.14)], that 1s, to a two-stage system with zero mcluded mass 
with M1 denotlng the mobility of the two partial isolators m series. Thus, i:,.E rep~ 
resents the effectiveness mcrease obtamed by addition of the included mass m 
whose mobility is Mm. Note that l::,.E 1s inversely proportional to Mm, indicati~~ 
that mcluded masses generally result m effectiveness increases. 

Optimization of lsolator Stiffness Distribution 

Once one has selected the rnobility M1 of the total 1solator (or, equivalently 
its compliance or stiffness), one needs to cons1der how to allocate this mobilit; 
among the components M11 and Mn If one lets r 1 denote the fraction of the 
total mobility on the source s1de of the included mass, so that Mn r 1M1 
and M12 (1 - r1)MJ, 1t turns out that one may obtain the largest value of 
i:,.E, namely, 

(13.19) 

by making r1 equal toits optimum value,* 

ropt (13.20) 

In v1ew of Eq. (13.18a), m an efficient isolation system Mn must be consid­
erably greàter than Ms, and also M12 must be considerably greater than MR. For 
such a system, one finds that r opt Rô ½ and that may be approximated by 
replacing the expression m the parentheses of the numerator of Eq. (13.19) by 
M 1. Thus, if the total mobility of the isolator 1s sufficiently great, that is, if the 
total stiffness of the isolator is sufficiently small, one may generally obtain the 
greatest 1mprovement t:,.Emax by allocating the same mobility or stiffness to the 
two isolator components. 

lt may be shown8 that placmg a given mass "w1thm" the isolator as described 
above, so as to obtain a two-stage system with two like isolator mobility compo­
nents, results in greater effectiveness than placement of the mass directly at the 
receiver as long as Mr » MR. This mequality usually 1s likely to be satisfied m 
practice, except at resonances of the receiver at which MR is very SÎilll­

larly, as long as M1 » Ms, placmg the mass within the 1solator results in greater 

*Tiris result applies stnctly only if the vanous mobilities or mobility ratios are real quantlties. It 
suffices for development of an intuitive understanding, although more complicated expressions apply 
m the general case where the mobilittes are represented by complex quanttttes. 
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effectiveness than placement of the mass directly at the source. The foregoing 
inequality generally 1s lik:ely to be satisfied in practice, except for sources that 
behave essentially like force sources and thus have very high mobility. 

13.6 PRACTICAL ISOLATORS 

A great many different 1solators are available commercially m numerous sizes 
and load capacities, w1th various attachment means, and with many types of 
specialized features.4 Details concerning such isolators typ1cally may be found 
m suppliers' catalogs. 

Most commercial 1solators incorporate metallic or elastomenc resilient ele­
ments. Metallic elements most often are in the form of coil springs but also 
occur m the form of flexural configurations such as leaf spnngs or comcal 
Belleville washers. Coil springs are predominantly used in compression, usually 
because such tensile spnngs tend to involve configurations that g1ve rise to stress 
concentrations and thus have lesser fatigue life. Coil spring isolator assemblies 
often involve parallel and/or senes arrangements of springs m suitable housmgs, 
are designed to have the same stiffness m the lateral directions as in the axial 
direction, and may also incorporate friction devices (such as wire mesh mserts), 
snubbers to limlt excursions due to large disturbances (such as earthquakes), and 
m-series elastomeric pads for enhanced damping and isolation at high frequen­
cies. Spring systems in housings need-to l>e installed with care to avoid binding 
between the housing elements and between these elements and the springs. 

Sorne commercial metallic ISolators employ pads or woven assemblies of wrre 
mesh to prov1de both resilience and damping. Others use arrangements of coils 
or loops of wrre rope not only to provide dampmg but also to serve as springs. 

A great many commerc1ally available isolators that employ elastomeric ele­
ments have these elements bonded or otherw1se attached to support plates or 
sleeves that incorporate convement means for fastening to other components. 
The 1solators may be designed so that the elastomeric element is used in shear, 
torsion, compression, or a combination of these modes. There are also available 
a variety of elastomeric gaskets, gromrnets, sleeves, and washers, intended to be 
used w1th bolts or similar fasteners to provide both connection and 1solat10n. 

Elastomenc pads often are used as 1solators by themselves, as are pads of 
other resilient matenals, such as cork, felt, fiberglass, and metal mesh. Such pads 
often are convement and relatively inexpensive; therr areas can be selected to 
support the required loads, and tlieir thicknesses can be chosen to prov1de the 
desired stiffness. 

In the design and selection of pads of solid (in contrast to foamed) elastomenc 
matenals, one needs to take into account that a pad' s stiffness depends not only on 
lts thickness and area but also on its shape and constraints. This behavior 1s due 
to the incompressibility of elastomeric materials, which essentially prevents a pad 
from changmg its volume as 1t 1s compressed and thus in essence does not permit 
a pad to be compressed if 1t 1s confined so that its edges cannot bulge outward. 
A pad's freedom to compress rnay be characterized by its shape factor, defined 
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as the ratio of its loaded area to the total area of the edges that are free to bulge; 
the greater the shape factor, the greater is the pad's effective stiffness. However, 
a pad' s freedom to deform while maintaining constant volume also is affected 
by how easily the loaded surfaces can slip relative to the adjacent surfaces; the 
more restrlcted this slippage, the greater the pad' s effective stiffness. Sorne com­
mercial isolation pads are furnished w1th top and bottom load-carrying surfaces 
bonded to metal or other stiff plates to eliminate the stiffness uncertainties due 
to unpredictable slippage. 

To avoid the need for considering the shape factor in pad selection, many com­
mercial isolation pad configurations have a multitude of cutouts closely 
spaced arrays of holes) or ribs, which provide roughly conltant amounts of 
bulging area per umt surface area. If ribbed or corrugated pads or pads w1th 
cutouts are used in stacks, plates of a stiff material metal sheets) generally 
are used between pads to distribute the load on the load-bearing surfaces and to 
avmd having protrusions on one pad extending into openings on the adjacent pad. 

So-called pneumauc, or air spnng, isolators, which have found considerable 
use, obtain their resilience primarily from the compressibility of confined volumes 
of arr. They may take the form of air-filled pillows of rubber or plastic, often w1th 
cylindrical or annular shapes, or they may cons1st essentially of p1ston-m-cylinder 
arrangements. Air springs can be designed to have small effective stiffnesses 
while supporting large loads and to have smaller he1ghts than metal springs of 
equal stiffness. Practical air Springs typically can proVIde fundamental resonance 
frequencies that may be as low as about 1 Hz. Sorne arr spring configurations 
are laterally unstable under some load conditions and reqmre the use of lateral 
restraints; some are available with considerable lateral stability. 

Arr springs of tlie p1ston-and-cylinder type can be provided with leveling 
controls, which automatically keep the isolated item's static position at a prede­
termined distance from a reference surface and (by use of several air springs and 
a suitable control system) at a predetermined inclination. The stiffness of a piston­
type air spring 1s proport1onal to PA 2 / V, where P denotes the air pressure, A 
the piston face area, and V the cylinder volume. The product (P Po)A, where 
Po represents tlie amb1ent atmosphenc pressure, is equal to the stalle load carried 
by the sprmg. Lower stiffnesses may be obtamed wlth a g1ven area at a 
air pressure by use of larger effective volumes; for tlns reason, some commercial 
air spring isolators are available w1th auxiliary tanks that commumcate with the 
cylinder volume via piping. In some mstances, a flow constnction m this piping 1s 
used to provide low-frequency dampmg. If the pressure m a piston-and-cylinder­
type air spnng 1s considerably greater than the atmosphenc pressure, the pressure 
m the spnng 1s nearly proportional to the load 1t supports. Because the spring' s 
stiffness is proportional to this pressure, the natural frequency one obtams w1th 
such an air spring isolation system is essentially mdependent of the load, making 
air springs (like other constant-natural-frequency systems4) particularly useful for 
applications in which fue loads are variable or uncertam. 

Pendulum arrangements often are convement means for obtaining horizon­
tally acting isolation systems w1th low natural frequenc1es. One may calculate 


