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ABOUT THE EDITORS

Icor Karassik, now deceased, was an original editor of this book. Many of his extensive
contributions to the earlier editions remain in this edition. A major figure in the pump indus-
try for the greater part of the past century, he also authored six books in this field. Beginning
in 1836, he wrote more than 600 articles on centrifugal pumps and related subjects, which
appeared in over 1500 publications worldwide. For the greater part of his career, he held
senior engineering and marketing positions within the Worthington Pump & Machinery
Company, which after a number of permutations became part of the Flowserve Corporation.
Igor Karassik received his B.S. and M.S. degrees in Mechanical Engineering from Carnegie
Mellon University. He was a Life Fellow of the American Society of Mechanical Engineers
and recipient of the first ASME Henry R. Worthington Medal (1980).

JosEPH P. MESSINA, also one of the original editors, has spent his entire career in the pump
industry, and his past contributions on pump and systems engineering continue to be pre-
sented in their entirety in this edition. He served as Manager of Applications Engineering
at the Worthington Pump Company. He became a Pump Specialist at the Public Service
Electric and Gas Company in New Jersey, serving as a committee member of the Electric
Power Research Institute to improve the performance of boiler feed pumps. He assisted in
updating the Hydraulic Institute Standards and taught centrifugal pump courses. He also
taught Fluid and Solid Mechanics at the New Jersey Institute of Technology and holds a
B.S. in Mechanical Engineering and an M.S. in Civil Engineering from the same institu-
tion. He has been a contributor to the technical journals and holds pump-related patents.

Paur Cooprer has been involved in the pump industry for nearly 50 years. He began by spe-
cializing in the hydraulic design of centrifugal pumps and inducers for aerospace appli-
cations at TRW Inc. This was followed by a career in research and development on pump
hydraulics and cavitation at the Ingersoll-Dresser Pump Company, now part of the
Flowserve Corporation, where he served as the director of R&D for the company. A Life
Fellow of the ASME, he received that society’s Fluid Machinery Design Award (1991),
Henry R. Worthington Medal (1993), and Fluids Engineering Award (2002). He received
his B.S. (Drexel University) and M.S. (Massachusetts Institute of Technology) degrees in
Mechanical Engineering and a Ph.D. in Engineering from Case Western Reserve Univer-
sity. He is the author of many technical papers and holds several patents on pumps.

CuarLes C. HeaLD has spent his entire career in the pump industry. He conducted the
hydraulic and mechanical design of several complete lines of single and multistage pumps
for the Cameron Pump Division of Ingersoll-Rand, which became part of the Ingersoll-
Dresser Pump Company. He served as Chief Engineer and Manager of Engineering and
became an Engineering Fellow in the company. He continues as the editor of the com-
pany’'s Cameron Hydraulic Data Book. The petroleum industry has always been the focus
of his efforts, and he has served for over 40 years as a member of the API 610 specification
task force, receiving a resolution of appreciation from API in 1995. A Life Member of the
ASME, he obtained the B.S. degree in Mechanical Engineering from the University of
Maine, and he is the author of several technical articles and the holder of patents per-
taining to pumps.
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S| UNITS—
A GOMMENTARY

W.C. KRUTZSCH
P. COOPER

Since the publication of the first edition of this handbook in 1976, the involvement of the
world in general, and of the United States in particular, with the SI system of units has
become common. Accordingly, throughout this book, SI units have been provided as a sup-
plement to the United States customary system of units (USCS).

The designation SI is the official abbreviation, in any language, of the French title “Le
Systéme International d'Unités,” given by the 11th General Conference on Weights and
Measures (sponsored by the International Bureau of Weights and Measures) in 1960 to a
coherent system of units selected from metric systems. This system of units has since been
adopted by the International Organization for Standardization (ISO) as an international
standard.

The SI system consists of seven basic units, two supplementary units, a series of
derived units, and a series of approved prefixes for multiples and submultiples of the fore-
going. The names and definitions of the basic and supplementary units are contained in
Tables 1A and 1B of the Appendix. Table 2 lists the units and Table 3 the prefixes. Table 10
provides conversions of USCS to SI units. Conversions can also be found in NIST Special
Publication 811 “Guide for the Use of the International System of Units” available at
http://www.nist.gov/metric.

As with the earlier editions, the decision has been made to accept variations in the
expression of SI units that are widely encountered in practice. The quantities mainly
affected are pressure and flow rate, the situation with each being explained as follows.

The standard SI unit of pressure, the pascal, equal to one newton" per square meter,’
is 2 minuscule value relative t6 the pound per square inch (1 Ib/in2 or 1 psi = 6,894.757 Pa)
or to the old, established metric unit of pressure the kilogram per square centimeter

“The newton (symbol N) is the ST unit of force, equal to that which, when applied to a body having a mass of 1 kg, gives
it an acceleration of 1 m/s?

In countries using the SI aystem exclusively, the correct spelling is metre. This book uses the spelling meter in defer-
ence to prevailing US. practice.
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(1 kgf/cm? = 98,066.50 Pa). In order to eliminate the necessity for dealing with significant
multiples of these already large numbers when describing the pressure ratings of modern
pumps, different sponsoring groups have settled on two competing proposals. One group
supports selection of the kilopascal, a unit which does provide a numerically reasonable
value (1 l1b/in? = 6.894757 kPa) and is a rational multiple of a true SI unit. The other group,
equally vocal, supports the bar (1 bar = 10%Pa). This support is based heavily on the fact
that the value of this special derived unit is close to one atmosphere. It is important, how-
ever, to be aware that it is not exactly equal to a standard atmosphere (101,325.0 Pa) or to
the so-called metric atmosphere (1 kgf/em? = 98,066.50 Pa), but is close enough to be con-
fused with both.

As yet, there is no consensus about which of these units should be used as the stan-
dard. Accordingly, both are used, often in the same metric country. Because the world
cannot agree and because we must all live with the world as it is, the editors concluded
that restricting usage to one or the other would be arbitrary, grossly artificial, and not in
the best interests of the reader. We therefore have permitted individual authors to use
what they are most accustomed to, and both units will be encountered in the text.

Units of pressure are utilized to define both the performance and the mechanical
integrity of displacement pumps. For dynamic pumps, however, which are by far the most
significant industrial pumps, pressure is used only to describe rated and hydrostatic val-
ues, or mechanical integrity. Performance is generally measured in terms of total head,
expressed as feet in USCS units and as meters in SI units. This sounds straightforward
enough until a definition of head, including consistent units, is attempted. Then we
encounter the dilemma of mass versus force, or weight.

The total head developed by a dynamic pump, or the head contained in a vertical column
of liquid, is actually a measure of the internal energy added to or contained in the liguid.
The units used to define it could be energy per unit volume, or energy per unit mass, or
energy per unit weight. If we select the last, we arrive conveniently, in USCS units, as foot-
pounds per pound, or simply feet. In SI units, the terms would be newton-meters per new-
ton, or simply meters. In fact, however, metric countries weigh objects in kilograms, not
newtons, and so the SI term for head may be defined at places in this volume in terms of
kilogram-meters per kilogram, even though this does not conform strictly to SI rules.

Similar ambiguity is observed with the units of flow rate, except here there may be
even more variations. The standard SI unit of flow rate is the cubic meter per second,
which is indeed a very large value (1 m%s = 15,850.32 U.S. gal/min = 15,850.32 gpm) and
is therefore really only suitable for very large pumps. Some industry groups have sug-
gested that a suitable alternative might be the liter per second (1 l/s = 10-*m?s = 15.85032
U.S. gal/min), while others have maintained strong support for the traditional metric unit
of flow rate, the cubic meter per hour (1 m%h = 4.402867 U.S. gal/mm). All of these units
will be encountered in the text.

These variations have led to several forms of the specific speed, which is the funda-
mentally dimensionless combination of head, flow rate, and rotative speed that charac-
terizes the geometry of kinetic pumps. These forms are all related to a truly unitless
formulation called “universal specific speed,” which gives the same numerical value for
any consistent system of units. Although not yet widely used, this concept has been
appearing in basic texts and other literature, because it applies consistently to all forms
of turbomachinery. Equivalencies of the universal specific speed to the common forms of
specific speed in use worldwide are therefore provided in this book. This is done with a
view to eventual standardization of the currently disparate usage in a world that is expe-
riencing globalization of pump activity.

The value for the unit of horsepower (hp) used throughout this book and in the United
States is the equivalent of 550 foot pounds (force) per second, or 0.74569987 kilowatts
(kW). The horsepower used herein is approximately 1,014 times greater than the metric
horsepower, which is the equivalent of 75 kgf - m/s or 0.735499 kW. Whenever the rating
of an electric motor is given in this book in horsepower, it is the output rating. The equiv-
alent output power in kilowatts is shown in parentheses,

Variations in SI units have arisen because of differing requirements in various user indus-
try groups. Practices in the usage of units will continue to change, and the reader will have
to remain alert to further variations of national and international practices in this area.
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As this comprehensive work on pumps takes on a renewed existence in the fourth edition,
it is the hope of the present editors that the original purpose of the work is still being
served. When the first edition appeared in 1976—and the second edition in 1985—the
editors Igor J. Karassik, William C. Krutzsch, Warren H. Fraser, and Joseph P. Messina
had two objectives:

¢ First, to present sufficient information on the theory of design and operation of both
rotodynamic (or simply “dynamic”) and positive displacement (both reciprocating and
rotary) pumps to assist engineers in designing, analyzing, testing, and troubleshooting
all sizes and configurations of these machines.

¢ Second, to review a representative array of application areas and systems, describing
to users, buyers, and operators how pumps are specified, purchased, selected, deployed,
started, operated, and maintained to meet the requirements of several environments
from water supply, marine, and mining services to chemical plants, petroleum
production, electric power generation, aerospace systems, and many others.

The rapid pace of recent industrial and technological developments has made it neces-
sary to update the third edition, which appeared in 2000, in order that the Pump Hand-
book can continue to serve the global pump community in keeping with these two major
objectives. The volume of material that could be included to do this is greater than a man-
ageable size; yet it has been found possible to add new material while retaining most of the
subject areas, each of which has been treated exclusively in one of the many dedicated sec-
tions contained in the chapters of the earlier editions. In this fourth edition, these sections
have been regrouped to satisfy present needs, additional chapters having been established
for solids pumping, sealing, bearings, and noise. The resulting 16 chapters together with
the appendix contain 71 sections, most of which have been updated and some of which are
new or are completely new replacements of the earlier sections.

The new sections include Centrifugal Pump Mechanical Behavior and Vibration,
including a comprehensive troubleshooting list; CFD Analysis of Flow and Performance,
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providing an overview of this increasingly useful analytical tool; Centrifugal Pump Bear-
ings, including a new treatment of rolling element bearings; Water Supply, illustrating cur-
rent water distribution systems; Cryogenic Pumps for Liquefied Gas Service, detailing the
role of pumps in the emerging LNG infrastructure; Pumped Storage, presenting the new
machinery and plants in this time-honored energy management area; and Waterhammer,
including a new and clear presentation of the transient behavior involved. In regard to
transients, these latter two sections, as well as the updated and renamed earlier section,
Centrifugal Pumps: Hydraulic Performance and Behavior, present the “complete charac-
teristics,” “four-quadrant,” or “abnormal” behavior of pumps—both theory and test data—
in the context of the particular subject area being addressed.

In updating existing sections from the earlier editions, significant new material has
been included in Aircraft Fuel Pumps, which also details the emerging brushless dc elec-
tric motor technology for driving these pumps in new airframes; Screw Pumps; Vane, Gear,
and Lobe Pumps; Electric Motors and Motor Controls;, Permanent Magnet Adjustable
Speed Drives; Variable Speed Fluid Drives; Gears; Pump Couplings; Centrifugal Pump
Mechanical Seals; Drainage and Irrigation; Metallic Materials and Damage Mechanisms;
Pulp and Paper Mills; Heating and Air-Conditioning; Selecting and Purchasing Pumps;
and Pump Testing.

Not requiring significant updating are some of the sections that were new for the third
edition, including Hydraulic Transport of Solids, an elegant, classical presentation of the
flow regimes and losses in slurry pipelines; Application and Construction of Centrifugal
Solids Handling Pumps, a companion to the preceding section that clearly presents the
slurry pumps used for such transport; and Jet Pump Theory, another classic that treats
both single- and two-phase jet pumping.

As the reader will see in the heading of each section, many contributors have prepared
or assisted in the preparation of these sections for the Pump Handbook, and the editors
take this opportunity to thank and honor these experts, who have been willing to share
their knowledge and to make the effort required to present it clearly.

As in prior editions, the quantities involved are expressed in both the SI and the U.S.
system of units. In each section of the book, either one of these systems is treated as pri-
mary, according to the style of the contributor. In all cases, the conversions to the other sys-
tem are shown, are evident, or are not required in view of global understanding and
convention.

In conclusion, the guiding principle of the editors has been to build on the previous edi-
tions while at the same time producing a work that is up to date. We recognize that new
developments in the world of pumping are going on apace and that more could have been
done. Nevertheless we offer this fourth edition of the Pump Handbook as a practical tool
for the present day, and we hope that readers will benefit from this effort.

PAUL COCPER

CHARLES C. HEALD
JOSEPH P. MESSINA
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1.2 CHAPTER ONE

INTRODUCTION.

Only the sail can contend with the pump for the title of the earliest invention for the con-
version of natural energy to useful work, and it is doubtful that the sail takes precedence.
Because the sail cannot, in any event, be classified as a machine, the pump stands essen-
tially unchallenged as the earliest form of machine for substituting natural energy for
human physical effort.

The earliest pumps we know of are variously known, depending on which culture
recorded their description, as Persian wheels, waterwheels, or norias. These devices were
all undershot waterwheels containing buckets that filled with water when they were sub-
merged in a stream and that automatically emptied into a collecting trough as they were
carried to their highest point by the rotating wheel. Similar waterwheels have continued
in existence in parts of the Orient even into the present century.

The best-known of the early pumps, the Archimedean screw, also persists into modern
times. It is still being manufactured for low-head applications where the liquid is fre-
quently laden with trash or other solids.

Perhaps most interesting, however, is the fact that with all the technological develop-
ment that has occurred since ancient times, including the transformation from water
power through other forms of energy all the way to nuclear fission, the pump remains
probably the second most common machine in use, exceeded in numbers only by the elec-
tric motor.

Because pumps have existed for so long and are so widely used, it is hardly surprising
that they are produced in a seemingly endless variety of sizes and types and are applied
to an apparently equally endless variety of services. Although this variety has contributed
to an extensive body of periodical literature, it has also tended to preclude the publication
of comprehensive works. With the preparation of this handbook, an effort has been made
to create just such a comprehensive source.

Even here, however, it has been necessary to impose a limitation on subject matter.
It has been necessary to exclude material uniquely pertinent to certain types of auxil-
iary pumps that lose their identity to the basic machine they serve and where the user
controls neither the specification, purchase, nor operation of the pump. Examples of
such pumps would be those incorporated into automobiles or domestic appliances. Nev-
ertheless, these pumps do fall within classifications and types covered in the handhbook,
and basic information on them may therefore be obtained herein after the type of pump
has been identified. Only specific details of these highly proprietary applications are
omitted,

Such extensive coverage has required the establishment of a systematic method of
classifying pumps. Although some rare types may have been overlooked in spite of all pre-
cautions, and obsolete types that are no longer of practical importance have been deliber-
ately omitted, principal classifications and subordinate types are covered in the following
section.

CLASSIFICATION OF PUMPS

Pumps may be classified on the basis of the applications they serve, the materials from
which they are constructed, the liquids they handle, and even their orientation in space.
All such classifications, however, are limited in scope and tend to substantially overlap
each other. A more bhasic system of classification, the one used in this handbook, first
defines the principle by which energy is added to the fluid, goes on to identify the means
by which this principle is implemented, and finally delineates specific geometries com-
monly employed. This system is therefore related to the pump itself and is unrelated to
any consideration external to the pump or even to the materials from which it may be
constructed.

Under this system, all pumps may be divided into two major categories: (1) dynamic,
in which energy is continuously added to increase the fluid velocities within the machine
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to values greater than those occurring at the discharge such that subsequent velocity
reduction within or beyond the pump produces a pressure increase, and (2) displacement,
in which energy is periodically added by application of force to one or more movable
boundaries of any desired number of enclosed, fluid-containing volumes, resulting in a
direct increase in pressure up to the value required to move the fluid through valves or
ports into the discharge line.

Dynamic pumps may be further subdivided into several varieties of centrifugal and
other special-effect pumps. Figure 1 presents in outline form a summary of the significant
classifications and subclassifications within this category.

Displacement pumps are essentially divided into reciprocating and rotary types,
depending on the nature of movement of the pressure-producing members. Each of these
major classifications may be further subdivided into several specific types of commercial
importance, as indicated in Figure 2.

Definitions of the terms employed in Figures 1 and 2, where they are not self-evident,
and illustrations and further information on classifications shown are contained in the
appropriate sections of this book.

[ Pumps |
———memee- { DISPLACEMENT]
— CENTAIFUGAL]

AXIAL FLOW

SINGLE STAGE CLOSED IMPELLER
]'[ FIXED PITCH

MULTISTAGE - L opEN IMPELLER-[
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| ["MIXED FLOW,
RADIAL FLOW
) OPEN
SINGLE SELF - PRIMING MPELLER
SUCTION NONPRIMING SEMIOPEN
DOUBLE SINGLE STAGE IMPELLER
SUCTION
CLOSED
MULTISTAGE e

PERIPHERAL

SINGLE STAGE]-[ SELF -PRIMING

MULTISTAGE NONPRIMING

JET (EDUCTOR)

GAS LIFT
SPECIAL EFFECT
HYDRAULIC RAM

ELECTROMAGNETIC
FIGURE 1 Classification of dynamic pumps
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FIGURE 2 Classification of displacement pumps

OPTIMUM GEOMETRY VERSUS SPECIFIC SPEED

Fundamental to any system of classifying pumps is the rotor geometry that is optimum for
each type, as illustrated in Figure 3 in terms of the specific speed N or Q). Here @ is the
volume flow rate or capacity, IV is the rotative speed, ) is the angular speed, and AH (or
just H) is the pump head—all at the best efficiency point (BEP). Derived in Section 2.1.1
for dynamic pumps, this theoretically dimensionless quantity can also be applied to dis-
placement pumps, at least for selection purposes. For low viscosity, (15 emerges as the
major influenice on rotor geometry. In this case, the pump performance in terms of the head
coefficient v = gAHAQ?r?) is influenced only by the flow coefficient or “specific flow” @¢ =
Q/(Q1r?). Now, if one divides @2 by ¥4, the rotor radius r (= D,/2) drops out (which is
convenient because we don’t usually know it ahead of time), and we get the universal
specific speed Qg as the major dependent variable—in terms of which the hydraulic design

is optimized for maximum efficiency, as shown in Figure 3.
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FIGURE 38 Optimum geometry as a function of BEP specific speed (for single stage rotors)

This optimum geometry carries with it an associated unique value of the head coeffi-
cient ¢/, thereby effectively sizing the rotor. For dynamice, “rotodynamic” or impeller pumps,
imagining speed N and head AH to be constant over the Ng-range shown yields increasing
optimum impeller diameter as shown. This size progression shows that the optimum head
coefficient ¢ decreases with increasing specific speed.

Qutside the N; range shown in Figure 3 for each type of rotor, the efficiency becomes
unsatisfactory in comparison to that achievable with the configuration shown for this Ng.
Rotary positive displacement machines such as vane pumps, gear pumps, and a variety of
screw pump configurations (all commonly called “rotary pumps”) are more appropriate for
the lower values of Ng, the lowest Ng-values requiring reciprocating (piston or plunger)
positive displacement pumps.

Single-suction rotors are shown in Figure 3; however, if there are two inlets to the rotor
(double suction), the usual practice is that the total discharge flow rate is used for @ in the
specific speed expression. An exception to this is found in some places, notably in Europe,
wherein the flow rate through one of the two inlets, namely half of the discharge flow rate,
is used instead. In terms of the optimum geometry of centrifugal pumps, the latter practice
would appear logical for impellers, because a double-suction rotor can be viewed simplis-
tically as two back-to-back single-suction rotors. However in terms of performance (effi-
ciency and head coefficient), the discharge portion of a double-suction impeller and the
surrounding volute usually tend to play the dominant role, and these are designed for the
discharge flow rate. On the other hand, the design and performance of the inlet regions of
the impeller are based on the flow rate through one eye. Nevertheless, unless specifically
stated to the contrary, the usage in this book is that the value of @ in the expression for
specific speed represents the total discharge flow rate.

Regarding units for these relationships, the rotative speed N is in revolutions per sec-
ond (rps) unless stated to be in rpm because the quantity gAH usually has the units of
length squared per second squared. The diameter D, has the same length unit as the head;
for example, in the rotor size equation, head in feet would imply diameter in feet. The uni-
versal specific speed {5 has the same value for any combination of consistent units, and
similarly shaped turbine and compressor wheels have similar values of {};—making it
truly “universal.” Note that for the unit of time being seconds, () is given as radians per

second [= N(rpm) X 7/30], where radians are unitless.
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SELECTION OF PUMPS

Given the variety of pumps that is evident from the foregoing system of classification, it is
conceivable that an inexperienced person might well become somewhat bewildered in try-
ing to determine the particular type to use in meeting most effectively the requirements
for a given installation. Recognizing this, the editors have incorporated in Chap. 14,
“Selecting and Purchasing Pumps,” a guide that provides the reader with reasonable
familiarity regarding the details that must be established by or on behalf of the user in
order to assure an adequate match between system and pump.

Supplementing the information contained in Chap. 14, the sections on centrifugal,
rotary, and reciprocating pumps also provide valuable insights into the capabilities and
limitations of each of these classes. None of these, however, provide a concise comparison
between the various types, except for Figure 3. Moving on from that figure by assuming for
these pump types their typical ranges of rotative speed N, liquid density, number of stages,
and so on, makes it possible to compare them in terms of the respective ranges of the
dimensional quantities of pressure (more precisely, pressure rise) and capacity (or flow
rate) to which they are commonly applied. Figure 4 has been included here to do just that.

The lines plotted in Figure 4 for each of the three pump classes represent the upper limits
of pressure and capacity currently available commercially throughout the world. At or close
to the limits shown, only a few sources may be available, and pumps may well be specially
engineered to meet performance requirements. At lower values of pressure and capacity,
well within the envelopes of coverage, pumps may be available from dozens of sources as
pre-engineered, or standard, products. Note also that reciprocating pumps run off the pres-
sure scale, whereas centrifugals run off the capacity scale. For the former, some highly spe-
cialized units are obtainable at least up to 150,000 1b/in? (10,350 bar)! and perhaps slightly
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FIGURE 4 Approximate upper limit of pressure and capacity by pump class

1 bar = 10° Pa. For a discussion of bar, see “SI Units—A Commentary” in the front matter.
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higher. For the latter, custom-engineered pumps would probably be available up to about
3,000,000 U.S. gal/min (680,000 m*h), at least for pressures below 10 1b/in?(0.69 bar).

Given that the liquid can be handled by any of the three basic types and given condi-
tions within the coverage areas of all three, the most economic order of consideration for
a given set of conditions would generally be centrifugal, rotary, and reciprocating, in that
order. In many cases, however, either the liquid may not be suitable for all three or other
considerations—such as self-priming or air-handling capabilities, abrasion resistance, con-
trol requirements, or variations in flow—may preclude the use of certain pumps and limit
freedom of choice. Nevertheless, it is hoped that the information in Figure 4 will be a use-
ful adjunct to that contained elsewhere in this volume.
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SEGTION 2.1
GENTRIFUGAL PUMP
THEORY, ANALYSIS,
AND PERFORMANGE

2.1.1
CENTRIFUGAL PUMP THEORY

PAUL COOPER

INTRODUCTION

A centrifugal pump is a rotating machine in which flow and pressure are generated
dynamically. The inlet is not walled off from the outlet as is the case with positive dis-
placement pumps, whether they are reciprocating or rotary in configuration. Rather, a cen-
trifugal pump delivers useful energy to the fluid or “pumpage” largely through velocity
changes that occur as this fluid flows through the impeller and the associated fixed pas-
sageways of the pump; that is, it is a “rotodynamic” pump. All impeller pumps are rotody-
namie, including those with radial-flow, mixed-flow, and axial-flow impellers: the term
“centrifugal pump” tends to encompass all rotodynamic pumps,

Although the actual flow patterns within a centrifugal pump are three-dimensional
and unsteady in varying degrees, it is fairly easy, on a one-dimensional, steady-flow basis,
to make the connection between the basic energy transfer and performance relationships
and the geometry or what is commonly termed the “hydraulic design” {more properly the
“fluid dynamical design”) of impellers and stators or stationary passageways of these
machines,

In fact, disciplined one-dimensional thinking and analysis enables one to deduce pump
operational characteristics (for example, power and head versus flow rate) at both the opti-
mum or design conditions and off-design conditions. This enables the designer and the
user to judge whether a pump and the fluid system in which it is installed will operate
smoothly or with instabilities. The user should then be able to understand the offerings of
a pump manufacturer, and the designer should be able to provide a machine that opti-
mally fits the user’s requirements.
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2.4 CHAPTER 2

The complexities of the flow in a centrifugal pump command attention when the
energy level or power input for a given size becomes relatively large. Fluid phenomena
such as recirculation, cavitation, and pressure pulsations become important; “hydraulic”
and mechanical interactions—involving stress, vibration, rotor dynamics, and the associ-
ated design approaches, as well as the materials used—become critical; and operational
limits must be understood and respected.

NOMENCLATURE

NOTE: The units for each quantity defined are as stated in this nomenclature, unless oth-
erwise specifically stated in the text, equations, figures, or tables.

A = area, ft? (m?).

constant of the diffuser or volute configuration in Pfleiderer’s
slip relation.

i

a

a = radius of impeller disk, ft (m), = r, ;.

A, = area of flow passage normal to the flow direction, ft? (m?).
b = width of an impeller or other bladed passage in the meridional
plane, ft (m).
NOTE: When dealing with radial thrust, b, includes alsc the thickness of the shrouds.

C, = specific heat of liquid being pumped, Btu/(lbm-degF);
[keal/(kg-degC)].

¢ or V = absolute velocity, ft/sec (m/s).

D = diameter; unless otherwise subscripted = impeller exit diameter,
ft (m).

d = diameter, ft (m).
D, = hydraulic diameter of flow passage (= 44,/p), ft (m).
F = thrust force, 1bf (N).

g = acceleration due to gravity, = 32.174 ft/sec? (9.80665 m/s?) at
earth sea level.

g, = constant in Newton’s Second Law, = 32.174 (lbm-ft)/(1bf-sec?).
(There is no SI equivalent; use the dimensionless constant 1 in
place of g, in SI computations.)

lg,} = set of fluid properties associated with gas-handling phenomena.

H = head of liquid column, ft (m)} (Eq. 3); can also have the same
meaning as the change in head AH (that is, the same meaning
as “pump head”).

AH = change in head across pump or pump stage, also called the
“pump head” or “total dynamic head” ft (m).

AH = the small reduction in pump head (usually 3%) in testing for
NPSHR, ft (m).

H, = H, .. = the ideal head for an infinite number of blades that pro-
duce no blockage.

H, = ideal head [= H + X(H,)], ft (m) (Eq. 15b); sometimes called the
“input head.”

H, = head loss, ft (m).

>H,; = all losses in the main flow passages from pump inlet to pump
cutlet, ft (m).

h = static enthalpy in Btw/lbm times g,J, ft¥/sec?; (or in kcal/kg times
J, ms? = J/kg).
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h,, or NPSH = net positive suction head, ft (m).
ID = inner diameter.

J = the mechanical equivalent of heat, 778 ft-1bf/Btu
(4184 N-m/kcal).

¢ = blade, vane, or passage arc length, ft (m).
M or'T = torque, Ibf-ft (N-m).

m = distance in streamwise direction in meridional plane (Figure 14),
in or ft (m).

m = mass flow rate, lbf-sec/ft (kg/s), = pQ.
MCSF or @, = minimum continuous stable flow, ft¥/sec (m?¥s).
N or n = rotative speed of the impeller, rpm.
NPSH or h,, = net positive suction head, ft (m).
NPSHA or NPSH, = available NPSH.

NPSHR or NPSHjy = required NPSH to prevent significant loss (> 3%) of pump Ap or
to protect the pump against cavitation damage, whichever is
greater.

NPSH3% or NPSH,., = required NPSH to prevent significant loss (> 3%) of pump Ap;
this is the “performance NPSH” defined in Section 2.1.3.

n, or Z; = number of impeller blades.
n, = specific speed in rpm, m*¥s, m units (Eq. 38b) = N,/51.64 (Eq. 39¢).
n, or Z, = number of vanes in diffuser or stator.
N, or N, s, or n, = specific speed in rpm, gpm, ft units (Eq. 38a).
N, or 8§ = suction specific speed in rpm, gpm, ft units (Eq. 42).
OD = outer diameter.
P = total pressure, Ibf/ft? (Pa).
p = pressure, Ibf/ft? (Pa (=N/m?)] (= “static pressure”).
Ap = pressure rise, Ibf/ft? (Pa).
pr = pressure loss, Ibf/ft? (Pa).

pr; = impeller pressure loss from its inlet to the point of interest,
Ibfft? (Pa).

Pr:+1 = pressure loss p; ; in impeller plus pressure loss in inlet passage,
Ibf/ft? (Pa).

= al] losses in the main flow passages from pump inlet to pump
outlet, Ibf/ft? (Pa).

p, or p,, = vapor pressure of liquid being pumped, 1bf/ft? (Pa).

P, = power delivered to all fluid flowing through the impeller,
ft-lbf/sec (kW).

P, = shaft power, ft-Ibf/sec (kW),

@ = perimeter of flow passage cross section normal to the flow direc-
tion, ft (m).

@ = volume flow rate or, more conveniently, “flow rate” or “capacity,”
ft¥/sec (m¥s).

Qpr = flow rate below which discharge recirculation exists, ft*/sec
(m¥s).

Q. = leakage from impeller exit to inlet, ft¥/sec (m%s).
Q@umin Or MCSF = minimum continuous stable flow rate, ft¥/sec (m?¥s).

2p

[l

Ry = flow rate below which recirculation exists, ft%sec (m%s).
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Qsr = flow rate below which suction recirculation exists, ft*/sec (m%s).
Q3D (quasi-3D) = quasi-three dimensional.

R = radius of curvature of meridional streamline, ft (m) (Figures 13,
14, and 25).

r = radial distance from axis of rotation, ft (m).

r, = radial distance from axis of rotation to center of circle defining
impeller passage width, ft (m) (Figures 13 and 25).

r, = maximum value of r within the “eye plane.” (Figures 13 and 25.)

s = width of gap between impeller disk and adjacent casing wall,
ft (m).

S = N,,, suction specific speed in rpm, gpm, ft units (Eq. 42).

sp. gr. = specific gravity, namely, the ratio of liquid density to that of
water at 60°F (15.6°C).

{S} = set of flow properties associated with solids in the pumpage
T = axial thrust, Ibf (N).
Tor T or M = torque, Ibf-ft (N-m).
T = temperature, °F or °R (°C or °K).
AT, = temperature rise due to compression, °F (°C).
t = time, sec (g).
¢t = blade or vane thickness, ft (m).

u = internal energy in Btw/lbm multiplied by g.J, ft?¥sec?, (or in
kcal/kg times JJ, m?%/s?).

U = tangential speed (r of the point on the impeller at radius r,
ft/sec (m/s).

U, = the value of U at the maximum radial location r, within the “eye
plane.”

V = volume, ft? (m?).
V or ¢ = absolute velocity of fluid, ft/sec (m/s).
V, = the average value of the meridional velocity component V in
the eye (= Q/A,), ft/sec (mv/s).
V, = slip velocity (Figure 15), ft/sec (m/s).
W or w = velocity of fluid relative to rotating impeller, ft/sec (m/s).
w

. = the one-dimensional value of W that would exist if there were

no slip.
w, = throat width (Figure 21), ft (m).

y = transformed distance along blade from trailing edge (Figure 19),
in or ft (m).

z = axial distance in polar coordinate system, ft (m).

Z or Z, = elevation coordinate, ft (m).
Z, or n, = number of vanes in diffuser or stator.
Z; or n, = number of impeller blades.

a = angle of the absolute velocity vector from the circumferential
direction.

B = angle of the relative velocity vector or impeller blade in the
plane of the velocity diagram (as seen, for exampie, in Figure 3)
from the circumferential (tangential) direction.
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v = fluid weight density, Ibf/ft? (N/m?) = pg. AN = 1 kg-m/s?).
d = clearance, ft (m).
8" = displacement thickness of the boundary layer, ft (m).

8, = displacement thickness of the zero-pressure-gradient boundary
layer, ft (m), (= 0.002 X ¢ for turbulent boundary layers at v = 1
cs in typical centrifugal pumps).

¢ = absolute roughness height, ft (m).

g, = fraction of impeller discharge meridional area (that is, the area
normal to the velocity component V,, ,) that is not blocked by the
thickness of the blades and the boundary layer displacement
thickness on blades and on hub and shroud surfaces.

gy, = fraction of the circumference at the exit of the impeller that is
not blocked by the thickness of the blades and boundary layer
displacement thickness on blades. (See computation in Table 10.)

n = n, = pump efficiency; or a component efficiency (different sub-
script, Eqgs. 8-11).

8 = rotational polar coordinate or central angle about the impeller
axis, radians.

NOTE: In a polar-coordinate description of impeller blades or stationary vanes, # becomes
the construction angle and is usually regarded as positive in the direction of the blade
development from inlet to exit of the impeller or other blade row.

w = slip factor = V/U, (=1 — h,, where h, is the slip factor as
defined by Busemann?®),

u = absolute viscosity, Ibf-se¢/ft? (Pa-s or N-s/m?); often quoted in cen-
tipoises, abbreviated to “cp” (1 cp = 0.001 Pa-s). [(x in cp) = sp.
gr. X (vin cs).]

v = kinematic viscosity (= w/p), ft¥sec (m%s); often quoted in
centistokes, abbreviated to “cs” (1 ¢s = 1 mm?¥s). [(vin ¢8) =
{(w in cp)/sp. gr.]

p = fluid mass density, Ibf-sec¥ft* (kg/m?),= v/g.

o = solidity (Eq. 53).

¢ = Thoma’s cavitation parameter = h,,/H.

T or T or M = torque, 1bf-ft (N-m).
¢ = flow coefficient.
¢, = V,/U, = impeller inlet or eye flow coefficient.
¢ (or ¢; ;) = impeller exit flow coefficient = V,, o/ U, (Figure 12).
¢ = head coefficient (Figure 12); stream function (Figure 14).

i, = ideal head coefficient [= y; , = V, ,/ U, for zero inlet swirl
(Vo = 0.

W, = V, /U, [= ¢, for zero inlet swirl (V, ; = 0)].
) = angular speed of the impeller in radians per second (1/s) = N7/30.

), = universal specific speed (unitless) (Eq. 37) = N,/2733 (Eq. 38a)
= n,/52.92 (Eq. 38b).

(1., = universal suction specific speed (unitless) (Eq. 41) = N.,/2733
(Eq. 42).

{2.ph} = set of fluid properties associated with vaporization.
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Subscripts
b = impeller blade.
BEP = best efficiency point.
D = drag due to disk friction, bearings, and seals.
DF = disk friction.
d = discharge flange or exit {ex) of the pump.

e = at the “eye” of the impeller. The “eye” is the throat (minimum-
diameter point) at the entrance into the impeller and is the
area defined by the “eye plane,” which is normal to the axis of
rotation. “e” can refer more specifically to the shroud or
maximum-diameter point within the eye, as with r, (Figure 13)
or U,. The inlet tips of the impeller blades are generally at or
near this location.

ex = exit of diffuser or the discharge flange or port of the pump (d).
f = the direction of the flow.
h = hub.
i = inner limit of region or gap (Tables 4 and 5)
i (or ideal) = ideal.
i (or imp) = impeller.
in (or s} = pump inlet flange or port.

I/L = inlet passage; that is, the passage from the pump inlet flange or
port to the impeller.

I = input to fluid.
L = losses.
m = “mechanical” {(pertaining to efficiency, Eq. 9).

m = component of velocity in the meridional plane (that is, the axial-
radial plane containing the axis of rotation),

mean = the 50% or rms meridional streamline.

n = normal or BEP value.

o = outer limit of region or gap (Tables 4 and 5).
pump outlet flange or port.
p = pressure side of blade or passage.

o3

e

=
]

b=+ ]
1

value of r at the impeller ring clearance.
S = shaft,
s (or in) = suction flange or inlet of the pump.

SE = shockless entry (that is, inlet velocity vector aligned with blade
camber line).

s/o0 = shut-off or zero flow rate @.
r = in the radial direction.

the 50% or mean meridional streamline.
suction side of blade or passage; shaft.
§ = same meaning as sh and £
sh = shroud (also at the eye plane at inlet—and in general “¢” at outlet).
stg = stage.
T = entry throat of volute or diffuser.

rms

i

§
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t = the tip or maximum radial position of the impeller blades at
inlet or outlet (same meaning as s and sh).

t = tongue or cutwater.

u (see 6, below).

v = volumetric (pertaining to efficiency, Eq. 11).
v = volute.

z = in the axial direction.

6 or u = component of velocity in the circumferential direction (that is,
the tangential direction in the polar view that is perpendicular
to the axis of rotation).

1 = impeller inlet at the blade leading edge—at the mean unless fur-
ther defined.

2 = impeller outlet at the blade trailing edge—at the mean unless
further defined.

= yolute base circle or entrance to diffuser.

o = for an infinite number of blades that also produce zero blockage
of the flow.

Superscripts

— = average value

ENERGY TRANSFER

Hydraulics or fluid dynamics has the primary influence on the geometry of a rotodynamic
pump stage—of all the engineering disciplines involved in the design of the machine. It is
basic to the energy transfer or pumping process. Staging is also influenced by the other
disciplines, especially in high-energy pumps. The basic energy transfer relationships need
to be thoroughly understood to achieve a credible design and to understand the operation
of these machines. Action of the mechanical input shaft power to effect an increase in the
of energy of the pumpage is governed by the first law of thermodynamics. Realization of
that energy in terms of pump pressure rise or head involves losses and the second law of
thermodynamics.

The First Law of Thermodynamics Fluid flow, whether liquid or gas, through a cen-
trifugal pump is essentially adiabatic, heat transfer being negligible in comparison to the
other forms of energy involved in the energy transfer process. (Yet, even if the process were
not adiabatic, the density of a liquid is only weakly dependent on temperature.) Further,
while the delivery of energy to fluid by rotating blades is inherently unsteady (varying
pressure from blade to blade as viewed in an absolute reference frame), the flow across
the boundaries of a control volume surrounding the pump is essentially steady, and the
first law of thermodynamics for the pump can be expressed in the form of the adiabatic
steady-flow energy equation (Eq. 1) as follows:

Ps=mKh+K+gze) - (h+E+gZe) }
2 out 2 in

L (1)
p

where h=u+
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FIGURE 1 Energy transfer in a centrifugal pump

Here, shaft power P, is transformed into fluid power, which is the mass flow rate rztimes
the change in the total enthalpy (which includes static enthalpy, velocity energy per unit
mass, and potential energy due to elevation in a gravitational field that produces acceler-
ation at rate g) from inlet to outlet of the control volume (Figure 1).

When dealing with essentially incompressible liquids, the shaft power is commonly
expressed in terms of “head” and mass flow rate, as in Eq. 2:

Pg
S - gAH + Au 2)
m
where g=PL.Y .z (3)
g 2

The change in H is called the “head” AH of the pump; and, because H (Eq. 3} includes the
velocity head V*/2g and the elevation head Z, at the point of interest, AH is often called the
“total dynamic head.” AH is often abbreviated to simply “H” and is the increase in height
of a column of liquid that the pump would create if the static pressure head p/pg and the
velocity head V?/2g were converted without loss into elevation head Z, at their respective
locations at the inlet to and outlet from the control volume; that is, both upstream and
downstream of the pump.

The Second Law of Thermodynamics: Losses and Efficiency As can be seen from
Eq. 2, not all of the mechanical input energy per unit mass (that is, the shaft power per
unit of mass flow rate) ends up as useful pump output energy per unit mass gAH. Rather,
losses produce an internal energy increase Au (accompanied by a temperature increase)
in addition to that due to any heat transfer into the control volume. This fact is due to the
second law of thermodynamics and is expressed for pumps in Eq 4:

Pg
gAH<— o n<1 (4)
m
where m = pQ
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FIGURE 2 Determining component efficiencies, (This is a meridional view.)
The losses in the pump are quantified by the overall efficiency 7, which must be less
than unity and is expressed in Eq. 5:

_gAHm
n= PS

= Overall Pump Efficiency (5)

It should be pointed out here that real liquids undergo some compression—which is
accompanied by a reversible increase in the temperature AT, of the liquid—called the
“heat of compression.” This portion of the actual total temperature rise AT is in addition
to that arising from losses and must therefore be taken into account when determining
efficiency from measurements of the temperature rise of the pumpage.! See the discussion
on this subject in Section 2.1.3.

To pinpoint the losses, it is convenient to deal with them in terms of “component
efficiencies.” For the typical shrouded- or closed-impeller pump shown in Figure 2, Eq. 5
can be rewritten as follows:

P, gAH(m + my) m
n=4 X X = ;
PS PI m + my,

(6)

Noting that

and h = pQ

H; = Ideal Head

one may rewrite Eq. 6 as follows;

_ P AH Q
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where

“Mechanical” _ & _ Pg - Pp 9)
Efficiency ™ Pg Py
Hydraulic _AH _ AH, - 2H, (10)
Efficiency Y AH; AH,
Volumetric] _ @ an
Efficiency | @ + @

Approximate formulas for the three component efficiencies of Eq. 8 will be given fur-
ther on. Their product yields the overall pump efficiency as defined in Eq. 5, and reflects
the following division of the pump losses:

a. External drags on the rotating element due to i) bearings, ii) seals, and iii) fluid fric-
tion on the outside surfaces of the impeller shrouds—called “disk friction”; the total
being P, = Py — P, Generally, the major component of Py, is the disk friction, and the
“mechanical efficiency” is that portion of the shaft power that is delivered to the fluid
flowing through the impeller passages.

b. Hydraulic losses in the main flow passages of the pump; namely, inlet branch,
impeller, diffuser or volute, return passages in multistage pumps, and outlet branch.
The energy loss per unit mass is gxH; = g(H; — AH), the ratio of output head AH to
the input head H; being the hydraulic efficiency. This is the major focus of the designer
for typical centrifugal pump geometries (which are associated with normal “specific
speeds”—to be defined later). The other two component efficiencies are then quite high
and of relatively little consequence.

c. External leakages totaling @, leaking past the impeller and back into the inlet eye.
This leakage has received its share of the full amount of power P;= pg AH, (@ + @)
delivered to all the fluid (@ + @,) passing through the impeller. This leakage power
is P, = pg AH,Q,, which is lost as this fluid leaks back to the impeller inlet. The
remaining fluid input power is thus (P, ~ P;) = pg AH, @, the ratio of this power to
the total (P,) being the volumetric efficiency.

There are exceptions to this convenient model for dividing up pump losses. The main
exception is that if the pump has an open impeller, that is, one without either or both
shrouds, that portion of the total leakage @, disappears. The leakage now occurs across the
blade tips and affects the main flow passage hydraulic losses. The volumetric efficiency
is now higher, but the hydraulic efficiency is lower. In that case disk friction is still pre-
sent, as the impeller still has to drag fluid along the adjacent stationary wall(s). Another
exception—for closed impellers—is that disk friction is fundamentally an inefficient
pumping action, the fluid being flung radially outward? and this can result in a slight
increase in pump head if the fluid on the outside of an impeller shroud or disk is pumped
into the main flow downstream of the impeller.

VELOCITY DIAGRAMS AND HEAD GENERATION

The mechanism of the transfer of shaft torque (or power) to the fluid flowing within the
impeller is fundamentally dynamic; that is, it is connected with changes in fluid velocity.
This requires the introduction of Newton’s second law, which when combined with the first
law of thermodynamics, yields Euler’s Pump Equation. Fluid velocities at inlet and exit of
the impeller are fundamental to this development. Fluid flowing along the blades of an
impeller rotating at angular velocity {2 and viewed in the rotating reference frame of that
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Vo.2

VmZ &

FIGURE 3 Impeller velocity diagrams (1 = inlet; 2 = outlet)

impeller has relative velocity W. Vectorially adding W to impeller blade speed U = (r
yields the absolute velocity V, as shown in the velocity diagrams of Figure 3.

Newton’s Second Law for Moments of Forces and Euler’s Pump Equation Relat-
ing impeller torque T to fluid angular momentum per unit mass rV, is the convenient way
of applying Newton’s second law to centrifugal pumps. This is stated as follows for the
control volume V that contains the pump impeller:

ST = [y[8(prV,)/at] dV + [, prV,dQ (12)

where 2T = Tg — T} is the summation of torques acting on the impeller; namely, the net
torque T; acting on the fluid flowing through it. The volume integral (first term on the
right side) of Eq. 12 is the unsteady term, which is zero for steady operation. It comes into
play during changing or transient conditions, such as start-up and shutdown; that is, when
the angular momentum per unit volume prV; is changing with time within the impeller
control volume V.

The surface integral (second term on the right hand side) of Eq. 12 is the one that
pump designers and users are mainly concerned with. Its integration over the exterior
surface S of the control volume V is effectively accomplished for most impellers by com-
bining one-dimensional results from inlet to outlet on each of several stream surfaces—
imagined to be nested surfaces of revolution bounded by the hub and shroud stream sur-
faces (indicated in Figure 2). Insight into the significance of this term can be gained by
taking the mean value of the integrand in terms of the velocities on a representative
stream surface; that is, essentially the surface of revolution lying at an appropriate mean
location between hub and shroud. Each of the two velocity diagrams of Figure 3 lies in a
plane tangent to this mean stream surface. For flow through an impeller, the torque deliv-
ered to the fluid is therefore given by the following relationship involving these average
quantities:

Ty = (rh + 1) X (raV 0 — 1V, 1) (13)

or X {:
P = (rh + 1hy) X (UyVy o — UiVe, 1) (14)
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Eq. 13 says that the torque is equal to the mass flow rate times the change of angular
momentum per unit mass A(rV,). This becomes the “power” statement of Eq. 14 when both
sides are multiplied by (). Following the statement of the second law of thermodynamics
in Eq. 4, we now can similarly say that gAH must be less than the power input to the fluid
per unit of mass flow rate, namely A(UV,) from Eq. 14. So, we now arrive at Euler’s Pump
Equation—expressed three different ways as follows:

gAH < A(UV,) (15a)

gAH, = A(UV,) (15b)
or

gAH = nyyA(UV,) (15¢)

The inequality (Eq. 15a) is quantified by Eq. 15b, which follows in view of Eq. 7. Eq. 15¢
then follows from the definition of hydraulic efficiency (Eq. 10). Euler’'s Pump Equation
makes one of the most profound statements in the field of engineering, because it deter-
mines the major geometrical features of the design of a rotodynamic machine. By revers-
ing the inequality in Eq. 15a, the same principle applies to turbines; hence, the more
encompassing title, “Euler’s Pump and Turbine Equation.”

So, to design or analyze a pump, one needs to a) obtain the velocity diagrams that will
produce the ideal head at the design flow rate and b) determine how the shape of these
diagrams affects the hydraulic efficiency 7y, 80 as to obtain the desired pump stage head.
Step (a) for a given pump is a simple one-dimensional exercise that utilizes the principles
of continuity and kinematics (Eqs. 16 and 17) to construct the velocity diagrams for a given
total impeller volume flow rate @ and pump rotative speed ({ or N):

Continuity: Q@ = 2wrbV,, (16)

where W =V, /sin §;

Kinematics: Vy=U—~ Wcos 8¢ an
Step (b) is in essence the evaluation of the hydraulic losses TH; in Eq. 10, which

depend mainly on the relative and absolute velocities, the associated flow passage dimen-

sions, and incidence angles. Eq. 15¢ then gives the head that the pump stage will gener-

ate. Performing steps (a) and (b) at several other flow rates at the same speed enables one
to develop the pump performance characteristics.

STATIC PRESSURE GENERATION

The Extended Bernoulll Equation To estimate the losses, it is convenient first to inves-
tigate the static pressure and velocity head portions of the total head. Eq. 15¢ can be writ-
ten in terms of the total pressure F, which equals pgH — pgZ,. Similarly, we may speak of
hydraulic losses as losses of static pressure Xp;, which equals pg¥H;; so

P =P, +p(UV, - UV, 1) - Zpr - A(pgZ,) (18)

where, from Eq. 3, the static (pressure) and dynamic (velocity) components of the total
pressure are brought into evidence:

1
P=p+§pV2=ng"-nge (19)
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o Y e

a

FIGURE 4 Velocity triangle and flow within impeller passageway

Eq. 18 is the turbomachine form of the “extended Bernoulli equation,” which states that
along a streamline the total pressure P—in the absence of significant changes of potential
energy (elevation)—is a) decreased by losses and bh) increased by energy addition that
occurs along the streamline.

Centrifugal and Diffusion Effects in Impellers Changes in potential energy across a
pump stage are small; so the static pressure rise is found essentially from subtracting
the dynamic (velocity) pressure change from the total pressure change. Within the
impeller, the static pressure in turn arises from a) centrifugal and b) passage diffusion
effects.

Fluid in the impeller passage of Figure 4b flows from low to high radius r or blade
speed U often also experiencing a decrease in passage relative velocity W. The geometry
of the velocity diagram (Figure 4a) leads to the following combination of Eqs. 18 and 19
applied across the impeller:

A(p + %pvzn + %pvg) = A[pU x (U — WeosB)] = py.; — AlpgZ,) (20)

and, because V,, = W, this simplifies to the following form of the extended Bernoulli equa-
tion, which applies along a streamline from the inlet of the impeller:

1
p—p1=gpU ~ UL+ W~ W) —pp; — pg(Z, ~ Z.1) (21)
Static Centrifugal Passage  Losses:
Pressure Effect Diffusion Incidence
Change Friction

Secondary Flow ¢ (pAu)
Tip Leakage
Mixing

Here, the U-increase corresponds to the centrifugal contribution to the static pressure rise,
and the W-decrease to the diffusion contribution. There is no U-change along an axial
streamline in an axial-flow impeller or propeller; so, static pressure rise is due only to dif-
fusion. Radial-flow impellers, on the other hand, often have little or no net W-change, the
centrifugal effect being paramount. [A study of the velocity diagrams of Figure 3 suggests
that such impellers possess a high “degree of reaction.” The degree of reaction is defined
as that fraction of the total energy addition within the impelier (Eq. 15b) that does not
include the change in absolute velocity energy, A(V%2). This fraction is, therefore, the sum
of the static pressure energy change, that due to elevation change, and the energy losses
in the impeller, as can be seen from Eqs. 18 and 19.]

Collector Static Pressure Rise, Inlet Nozzle Drop A similar form of Eq. 21 applies in
the stationary flow elements, where W is also the absolute velocity V and blade speed U is
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zero. (This would be a more recognizable form of the extended Bernoulli equation, which dif-
fers from the classical Bernoulli equation only by the presence of the loss term.?) A fur-
ther static pressure increase occurs in the stationary collection system downstream of the
impeller (with the attendant losses); namely, in the stationary volute or diffuser. This static
rise is generally about a third of that in the impeller, and it is due only to diffusion, that is,
the decrease in velocity in that passage. To complete the picture, there is often an increase
in the comparatively small velocity in the approach passageway or nozzle or suction branch
from the pump inlet port or flange to the impeller eye or blade leading edge. This is accom-
panied by an attendant small pregsure drop.

Internal Statlc Pressure Distribution If the fluid enters the pump from a stagnant
pool, the total pressure at the impeiler eye P, will be very nearly the static pressure of the
upstream pool (plus the pressure equivalent of the elevation of the pool above the eye).
This is one reason why the local static pressure p within the pump is often referenced to
P,, as indicated in the following form of Eq. 21:

p(U2 — W) ~ pp; — pg(Z, ~ Z.;) — pU\Vyy (22)

b | =

p—P =

where

V2

Figure 5 is an illustration of the internal static pressure development. The difference
between P, and p, is due to the impeller inlet absolute velocity head or dynamic pressure
pV,%2, a much larger difference existing at the impeller exit, namely pV,%2. Losses in
the collector result in the pump or stage outlet total pressure P, being less than P,, the
rise in total pressure AP, from port to port being P, — P, In the figure, P, is very
nearly the same as P,, the inlet passage loss being comparatively small for most pumps.

NET POSITIVE SUCTION HEAD

Local reduction of the static pressure p to the vapor pressure p, of the liquid causes vapor-
ization of the liquid and cavitation. Internal pressure drops are due to a) impeller inlet
velocity head and inlet passage loss and b) blade loading and loss within the impeller. In
order to prevent a substantial decrease of impeller pressure rise, the sum of these pressure
drops should not exceed the difference between P,, and p,, the head equivalent of which is
called “net positive suction head” or NPSH:

Pin - P
—;gi = NPSH = P,, =~ pgNPSH + p, (24)

Insufficient NPSH leads to cavitation and loss of pump pressure rise. That is because the
impeller can become filled with vapor, in which case the density p of the fluid within the
impeller is then reduced by orders of magnitude. This in turn, as can be seen in Egs. 18-22,
results in essentially zero pump pressure rise; that is, total loss of pump performance.

Eq. 24 substituted into Eq. 22 yields the local static pressure above vapor pressure in
terms of the NPSH:

p — p, = pgNPSH + p(U* - W?) (25)

~ Pr,i+qL — Pg(ze - Z.1) — pUiV,
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FIGURE 5 Pump stage internal pressure development. Total pressure rise AP = pgAH

This, together with the foregoing pressure drops, which occur in the inlet region of the
pump, is illustrated in Figure 5. The figure contains three plots of p along the representa-
tive streamline from 1 to 2, m being distance along this line in the meridional plane. These
plots are for the suction side or trailing face of an impeller blade, the pressure side or dri-
ving face, and the average or mid-passage position. The middle or average pressure plot is
readily described by Eq. 25 in terms of the local average W-distribution. The local blade-
to-blade static pressure difference p, — p, arises from the torque exerted on a strip of fluid
between the blades and approximated here via blade-to-blade average velocity compo-
nents in Newton’s Second Law for Moments of Forces:

dm r(p, = ps)bdm = pV,br- AG-d(rVy) (26)

27 PV AUV
Pe"Ps T 00T T dm

A9

I —

—/

Q

where, for ease of illustration, the blade-to-blade polar angle difference A6 is taken equal
to 2n/n,, the actual value of A§ being slightly less than this due to the thickness of the blades.
Thus, for example, too small a number of blades n, results in a larger value of p, — p,and
a lower minimum static pressure in the inlet region of the impeller.

CFD codes have been developed that simulate the density reduction in a cavitating
impeller and can accurately predict the resulting effect on pump performance.* More
rapid and convenient approximations to CFD predictions are available to engineers and
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designers in the form of empirical relationships for acceptable levels of NPSH. These will
be presented further on, as guidelines for design and performance prediction are devel-
oped.

PERFORMANCE CHARACTERISTIC CURVES

Velocity diagrams and ideal head-rise vary with flow rate @ as illustrated in Figure 6 for the
typical case of constant rotative speed N or angular speed (. Flow patterns in Figure 6b cor-
respond to points on the characteristic curves of Figure 6a. The inlet velocity diagrams (just
upstream of the impeller) are shown there for high and low flow rate—with zero swirl being
delivered by the inlet passageway to the impeller; that is, V;; = 0. The outlet velocity dia-
grams on Figure 6a are found one-dimensionally, the magnitude of the exit relative veloc-
ity vector W, varying directly with @ and its direction being nearly tangent to the impeller
blade. From these diagrams are found the absolute velocity vector V;, and its circumferen-
tial component V,,. Because blade speed U, is constant, the resulting plot of the ideal head
AH; = U,V, /g (from Eq. 15b) is a straight line, rising to the point U%/g at zero-Q or “shut-
off head.” This is twice the impeller OD tip speed head U%2g. The right-most velocity dia-
gram in Figure 8a has zero V,;; however, the maximum or “runout” flow rate happens at
lower @ than this. That is because the actual head H is less than AH, due to losses (as seen
in Eq. 10), and AH = 0 at runout—where overall pump efficiency (Eq. 8) is also zero.

This one-dimensional analysis works well in the vicinity of the best efficiency point
(b.e.p. or BEP) and at higher @ because the fluid flows smoothly through the impeller pas-
sages as illustrated in Figure 6b for “high @.” However, it fails at “low @,” where recircu-
lating flow develops—indicated by a substantial one-dimensional deceleration or
reduction in the fluid velocity relative to those passages—that is, W, << W, This is analo-
gous to a diffuser with side walls that diverge too much: the main fluid stream separates
from one or both walls and flows along in a narrow portion of the passage in a jet—the rest
of the passage being occupied with eddying fluid that can recirculate out of the impeller
inlet and exit. Consequently, the real outlet velocity diagram at low @ is the one with the
dashed lines and the smaller value of V, ,, rather than the solid-lined, one-dimensional
diagram superimposed on it. This in turn reduces the ideal head at the low-@ point of the
curves.

HIGH Q
Ideal IVVG’}.\
Head _%V 2 LowQ '
Bl:ﬁ, T——
AH, + A(UV))  Vaa { i, | |0
_A(UVg) R
T (=AHi>|@z
Head Rise, * Uy
AH 1 1
Efficiency, & Flow Patterns in Impeller
n Pg
Vz&
S____haﬁPPOW°f ’ RECIRCULATION g ®)
s POWER ‘ z
0 B.E.P.
Veolume Flow Rate, Q

“Shut-off" (@)
FIGURE 6A and B Characteristic performance curves of a pump stage, related to velocity diagrams
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To complicate matters further at low @, one-dimensional application of this
“corrected” outlet velocity diagram via Eq. 14 would produce a pump power consump-
tion curve that passes through the origin of Figure 6a. Such a result (assuming negli-
gible external drag power Pp), is known not to occur in a real pump. Rather,
superimposed on the jet flow pattern just described is recirculating fluid that leaves
the impeller, gives up its angular momentum to its surroundings, and re-enters the
impeller to be re-energized.

In other words, the one-dimensional simplifications mentioned after Eq. 12 do not hold
at low @; rather, there is an added “recirculation power,” which is the UV,-change experi-
enced by the recirculating fluid integrated over each element of re-entering mass flow rate®.
The complexity of this recirculation destroys one’s ability to interpret pump performance
under such conditions by means of velocity diagrams. Instead, a transition is made from
empirical correlations for head and power at “shutoff” or zero net flow rate to the high-@,
one-dimensional analysis, enabling one to arrive at the complete set of characteristic curves
for efficiency, power, and head illustrated in Figure 6a. In fact, impeller pressure-rise at
shutoff'is very nearly what would be expected due to the centrifugal effect of the fluid rotat-
ing as a solid body, namely pU,%2. The recirculating flow patterns seem to be merely super-
imposed with little effect on impeller pressure-rise. This recirculation, on the other hand,
does produce some additional shutoff pressure rise in the collecting and diffusing passages
downstream of the impeller.

SCALING AND SIMILITUDE

When a set of characteristic curves for a given pump stage is known, that machine can
be used as a model to satisfy similar conditions of service at higher speed and a differ-
ent size. Scaling a given geometry to a new size means multiplying every linear dimen-
gion of the model by the scale factor, including all clearances and surface roughness
elements. The performance of the model is then scaled to correspond to the scaled-up
model by requiring similar velocity diagrams (often called “velocity triangles”) and
assuming that the influences of fluid viscosity and vaporization are negligible. The pro-
portions associated with Egs. 27, 29, and 32 illustrate this. The blade velocity U (Eq. 30)
varies directly with rotative speed N or angular speed ()—and directly with size, as
expressed by the radius r. For the velocity V (or W) to be in proportion to U, the flow rate
€ must therefore vary as (7% hence, the “specific flow” @, must be constant (Eq. 28). Fur-
ther, as the head is the product of two velocities, it must vary as (%% hence, the head
coefficient ¢ must be constant (Eq. 31). Finally, as power is the product of pressure-rise
and flow rate, shaft power P, must vary as p{}°r%; hence, the power coefficient must be
constant.

. A x r22 X D2
Q=AV {Vx Qr, x ND
=@ x ND* or Qr} (27
and —Q— = Constant = @, (28)
Qrs
At above @, n = Constant, and

gAH = nryA(UVy)

= AH « ND? (29)

U=r (30)
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gAH
and = 7 = constant (31)
2
AH
p _ PR
n
=Py « pN°D® (32)
and PS = preTa = constant (33)
PRl Ty

Figure 7a is the result of following these similarity rules for a given pump that under-
goes & change in speed from full speed to half speed without a change in size. The similar
€ at half speed for a given @ at full speed is half that at full speed. At each such half-
speed @-value, the head AH is accordingly one-fourth of its full-speed value and the effi-
ciency 7 is unchanged. One can avoid replotting the characteristic curves in this manner
for every ¢change in speed (and size) by expressing them nondimensionally in terms of @,,
¥, n, and P,. They then all collapse on one another as illustrated in Figure 7b. Note that a
change in pump geometry or shape of the hydraulic passageways destroys this similitude
and necessarily produces a new set of curves—shaped differently but similar to each other.

Similitude enables the engineer to work from a single dimensionless set of perfor-
mance curves for a given pump model. This is a practical but special case of the more

AH,n
AH@
Full Speed
AH n@
cdam 2 Full Speed
- $/0,}4SPD
o ' - Q
AH $/0,}5SPD BEP: BEP:
HALF FULL
(a) SPEED SPEED
VOLUME FLOW RATE,Q
gAH gAH
V=02 o2
HEAD 2 r2
COEFFICIENT[Y
U
EFFICIENCY}n
POWER |5 | p =L
COEFFICIENT/["S ST pQ3r,S

FLOW
(b) COEFFICIENT}QS =Q/ar;’

FIGURE 7 Similar performance curves: a) dimensional; b) dimensionless
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general statement that pump performance as represented by efficiency, head, and power,
is more generally expressed in terms of the complete physical equation as follows:

7, AH, PS = fet’s. (Qa T, (, PV, NPSH, {2'ph}’ {gp}s {S}’{ez}) (34)

where {{;} is the infinite set of lengths that defines the pump stage geometry. A common
group of these lengths is illustrated in Figure 8. Dimensionlessly, Eq. 34 becomes

s lﬁa ﬁS = fCt’S (Qs’Rey Ta, {2 CD} { } {E} {G }) (35)

where the dimensionless quantities containing flow rate, viscosity and NPSH are respec-
tively defined as follows:

Q Qra 2gNPSH
h A = — Re = — = ————
where & ar S T2 Roe
Specific Machine Cavitation
Flow Reynolds Coefficient
Number (36)

and

e (G} = {¢/r} defines the dimensionless geometry or shape.

o {2-®} = the dimensionless quantities arising from the set of fluid, thermal, vaporization,
and heat transfer properties (2-pk} that influence the flow of two-phase vapor and lig-
uid. These quantities come into play when the NPSH is low enough for such flow to be
extensive enough to influence pump performance.

® {3} = the dimensionless quantities arising from the set of properties {S} associated with
entrained solids and emulsifying fluids that affect the performance of slurry pumps and
emulsion pumps. Similarly, {T } arises from {g,} for entrained gases.

SPECIFIC SPEED AND OPTIMUM GEOMETRY

The hydraulic geometry or shape of a pump stage can in principle be chosen for given values
of the other independent variables in Eqgs. 34 or 35 so as to optimize the resulting perfor-
mance; for example, to maximize the best efficiency nggp under certain conditions on the head
and power. Two such conditions that are common are a) no positive slope is allowed anywhere
along the AH-vs.-@ curve of Figure 7 (called the “no drooping nor dip” condition) and b) the
maximum power consumption must occur at the BEP (often called the “non-overloading”
condition). A fundamental and generally typical pumping situation involves a) negligible
influence of viscosity, (that is, high Reynolds number) b) the absence of two-phase fluid effects,
(that is, the existence of sufficient NPSH or 7) and c) the absence of entrained gases, solid par-
ticles and emulsion-related substances in the fluid. In this situation, Eq. 35 has one remain-
ing significant independent variable; namely, the specific flow &,, which in the definitions of
Eq. 36 contains the volume flow rate @, the pump speed (), and the characteristic radius r,.
Most users don’t know the size of the pump stage a priori; so, r, is eliminated by replacing &,

in Eq. 35 with a new quantity that is the result of dividing the square root of @, by the 2 -power
of the head coefficient ¢. Thus, from the definitions just given of @, and ¢, one a.rrwes at the
specific speed (), as the independent variable in terms of which the geometry is optimized?:

ave Vg,

T @AHE T g

37

For convenience, specific speed is usually expressed in terms of the conventional quan-
tities N, @, and AH that correspond to the factors in Eq. 37, which quantities are expressed
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FIGURE 8 Defining the geometry of a pump stage

in the units commonly used commercially. For example, forms found in the United States
and in Europe and the relationship of these to the truly unitless “universal specific speed”
Q, defined in Eq. 37 are as follows:

Q. = N(rpm)VQ(USgpm)/[AH(ft)]¥* N, s,

s 2733.016 ~ 2733.016 (38a)
Q= N(rpm)V @(m?/s)/[ AH(m)]** N 38b
s = 52.919 = 52.919 (38b)
Thus,
n,(m®/s, m) = N(USgpm, ft)/51.64 (38¢)

Rotor Shape as a Function of Specific Speed Optimization of pump hydraulic geom-
etry in terms of the BEP specific speed has taken place empirically and analytically
throughout the history of pump development. An approximate illustration of the results
of this process for pump rotors or impellers is shown in Figure 9. Not only does the geom-
etry emerge from the optimization process but also the head, flow, and power coefficients
for each shape as well. Approximate values for the optimum BEP head coefficient ¢ are
shown on the figure. The actual rotor diameter can then be deduced as noted—from the
Y-definition of Eq. 31. The relationship among the various rotors is illustrated in the
figure—assuming that they all have the same speed and head; that is, as one moves along
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FIGURE 9 Optimum geometry as a function of BEP specific speed (for single-stage rotors)

the abscissa or specific speed axis of Figure 9, only the flow rate is changing as far as the
illustrations of the rotors are concerned. As would be expected, therefore, high-specific-
speed impellers need to have large passages relative to their overall diameter. Conversely,
the passages become smaller as the centrifugal range is traversed toward lower specific
speed, the low limit effectively being (), = 0.2 (N, = 500), at which point an open impeller
of the “Barske” type is illustrated as being typical for this part of the range. Yet centrifu-
gal impellers are found at values of (), as small as 0.1, at which point the impeller is some-
times simply a disk with drilled holes for passages, as illustrated.

For simplicity, the common “double-suction” arrangement, wherein two centrifugal
impellers are effectively configured back-to-back, is not shown in Figure 9. Double-suction
impellers commonly discharge into a single, surrounding collector designed to accommo-
date twice the flow rate of one side. Because this collector can be fed by an equivalent
single-suction impeller, the specific speed of the whole pump stage is computed using the
combined flow rate of the two sides of the double-suction impeller. While this is common
practice in the United States, the practice in some other parts of the world is to compute
the specific speed of such a pump stage using the flow rate of only one side of the impeller.
The former approach is convenient for associating the exit geometrical features and flow
behavior of the stage with the magnitude of the specific speed, while the latter favors the
suction or inlet characteristics.

At the lower end of the specific speed range shown in Figure 9, rotodynamic pumps {(that
is, centrifugal pumps, in which category mixed- and axial-flow geometries are generally
included) would be too low in efficiency to be practical. Rather, rotary positive displacement
pumps take over, there being a transition through the drag pump domain. Sometimes
called a regenerative or periphery pump, the drag pump is actually a rotodynamic machine,
developing head peripherally around the impeller through successive passes radially
through the blades on both sides until a barrier is reached at some point on the periphery,
where the fluid is then discharged.®

The screw pump, on the other hand, is a truly positive displacement (rotary) machine.
It can have two, three, or more meshing screws and can move large quantities of fluid—
both single- and multiphase—against a large pressure difference Ap, giving it a specific
speed range that extends well into centrifugal pump territory. Screw pump rotors are
often configured back-to-back in a double-suction arrangement, as this balances the con-
siderable axial thrust of these rotors. Not shown is the progressive cavity pump, which
has a single screw surrounded by an elastomer sealing member.
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Lower flow rates are readily accommodated by the vane pump, whereas gear pumps
handle a higher range of pressure differences at such flow rates. Finally, extremely high
pressures are produced by reciprocating pumps, the specific speed range of which extends
off the figure on the left.

Positive displacement pumps appear in Figure 9 in order to provide perspective. The
concept of specific speed is not generally applied to these machines, because a given posi-
tive displacement pump can have such a wide range of pressure-rise capability at a cho-
sen flow rate and speed as to make it difficult to associate a given rotor geometry with a
particular value of specific speed. On the other hand, a unique rotodynamic pump geome-
try is readily associated with the specific speed of the BEP of such a machine.

Performance of Optimum Geometries Figure 9 enables one to easily identify the pump
stage types associated with required pumping tasks in terms of head, flow rate, and rota-
tive speed. Beyond this general picture is the related performance of a real pump geometry
in a real fluid, Although, for centrifugal pumps, the specific speed has the major effect on
performance, the available NPSH and the viscosity of the pumpage also have an influence.
These are evident in the following formal statement of the efficiency of an optimized pump
(cf Eq. 35)

(nma.:\:){(?,}ﬂpc = f(Qs: ‘Q’sss {2'(1)}5 {Fp}s {2}’ Re, H,Q) (39)

where the radius r,, representing the size, has been eliminated from the other variables in
Eq. 35 by introducing the suction specific speed ()., and the head-flow Reynolds number
R, 110, which are defined in Eqs. 40 and 41:

V@Q (gAH )
Re, HQ = Q (g.‘; ) = Re\/as ¢f1/4 (40)
ve |
o, - ove Ve, )

(g NPSHP*  (13/2)%

where, the common form of the suction specific speed, called N, is given in commercial
U.S. units by (Eq. 42)

N(rpm)V @Q(gpm)
[NPSH (ft))¥*

53, (US) = = (},, X 2733.016 (42)

Size Effect For sufficiently high NPSH (or sufficiently low suction specific speed) and
low viscosity (or high Reynolds number), real pumps also possess a strong size effect on
efficiency. This is because, in normal manufacturing processes, the clearances § prevent-
ing internal leakage @, (for example, past the impeller sealing rings in Figure 2) do not
scale up in proportion to the size (represented by r,), nor do the surface roughness heights €.
Thus, a larger pump tends to be more efficient. Strictly speaking, however, the geometry
of the larger pump is not the same as that of the smaller pump, and this forces one to
modify Eq. 39 by reintroducing two of the length ratios G, that were part of the set (G}]
in Eq. 35 which characterize the hydraulic shape of the machine. Thus, Eq. 39, revised to
reflect these realities, becomes

(nmax){G,}ﬁpL = fl(ﬂ's: Qas! Re, H, & {2'(I)}a {rp}9 {E}’ ':—2; %) (43)

A study of a large number of commercial centrifugal pumps by H. H. Anderson” has
quantified Eq. 43 for such machines. These pumps were all operating in water and had
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sufficient NPSH for performance not to be influenced by (1,,. The results are given by
Eq. 44, which is plotted in Figure 10 for the quantity X = 1:

m -0.21333 2
n = 0.94 - 0.08955 X Qepm) X} ~ 0.29 X [1ogm(2286ﬂ (44)

N(rpm) N
where X= L(;lj,‘-li?l.)r B [E?ffi)r

Eq. 44 is a combination of separate relationships developed by Anderson for efficiency and
speed as functions of flow rate’. Included is a correction for specific speed that is too conser-
vative for N s, > 2286 or {), greater than about unity. With this qualification, Figure 10 is
a useful representation for centrifugal pumps and is often as far as many users go in deter-
mining the performance of these machines.

Viscosity Effects Centrifugal pump geometries have not generally been optimized ver-
sus Reynolds number—often because the effect on hydraulic shape is not very great except
for the highest viscosities of the pumpage, and a given application can sometimes expe-
rience a substantial range of viscosity. Studies of conventional centrifugal pumps over a
range of Reynolds number have been combined in nomographic charts in the Hydraulic
Institute Standards, which yield correction factors to the head, efficiency, and flow rate of
the BEP of a water (low viscosity) pump in order to obtain the BEP of that pump when
operating at higher viscosity®. Figure 11 is a presentation of these correction factors in
terms of the head-flow Reynolds number. Values of the head correction factor Cy are also
given for flow rates other than that of the BEP, enabling one to produce a completely cor-
rected curve of head vs. flow rate. Strictly speaking, in view of Eq. 43, each pump geome-
try has a unique set of such correction factors, yet the data presented in Figure 11 have
been widely utilized as reasonably representative of conventional centrifugal pumps.

NPSH Effects In many cases, the available NPSH is low enough, or the suction-specific
speed (), at which the pump stage must operate is high enough for significant two-phase
activity to exist within the impeller, This is to be expected in centrifugal impellers of water
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Viscous Fluid Effects on Pumps
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FIGURE 11 Viscous fluid effects on centrifugal pumps—adapted from Hydraulic Institute ANSI/HI 2000 Edition
Pump Standards, Reference 8. Values of the correction factors Cq, Cg, and Cy; are each shown as the percent of the
water flow rate, efficiency, and head, respectively, that is realized for operation of the same pump in a high-viscosity
fiuid (low Reynolds number). Except as noted for the Cy curves, these are BEP quantities. The BEP values of Q and
H in water operation, together with the higher viscosity of interest, are used in forming the Reynolds number.

HEAD-FLOW REYNOLDS NUMBER, R.ug =

pumps if the available (), is greater than about 3 to 4 {or N, ys, = 8,000 to 11,000). In
such a case, (], and the vaporization quantities {2-®} in Eq. 35 dictate a profound change
in the impeller geometry into that of an inducer. The inducer has an entering or “eye”
diameter that is significantly enlarged—together with tightly wrapped helical blading.
Often the inducer is a separate stage that pressurizes the two-phase fluid as needed to
provide a sufficiently low value of ,, at the entrance of the more typical impeller blad-
ing that is immediately downstream of the inducer. If the two-phase fluid is near its ther-
modynamic critical point, the {2-®} operate to greatly reduce the amount of two-phase
activity within the pump. (At the critical point, the liquid and gas phases are identical,
and therefore both have the same specific volume,) An example is the pumping of liquid
hydrogen, for which an inducer is unnecessary until much higher values of (), are
reached. Moreover, inducers—typically limited to Q,-values of about 10 (N,, s, = 27,000)
in water—can, at sufficiently low tip speed, operate at zero NPSH, which corresponds to
an infinite value of (1..°

Pumping Entrained Gas In addition to the liquid’s own vapor (which is the gas involved
in the NPSH-effects discussion), many pumping applications deal with a different gas; that
is, a different substance from the liquid being pumped. The effects of this gas on perfor-
mance arise from a) the volume flow rate of the gas at the inlet, b) the pressure ratio of
the pump, which determines how far into the impeller this gas volume persists; that is,
how much it gets compressed, and ¢) how much of the gas dissolves in the liquid as the
pressure increases within the pump, which depends on both the solubility and the degree
of agitation of the fluid produced by the pump. The set of fluid properties associated with
these gas-handling phenomena are represented by (g,} in Eq. 34, the dimensionless form
(Egs. 35 and 43) of this set being {I',}. Generally, for typical commercial centrifugal pumps,
the performance under such conditions usually manifests itself as a loss of pressure rise,
which is reasonably stable up to an inlet volume flow rate fraction of gas to liquid of 0.04
to 0.07%°, Inducers can handle larger inlet volume fractions of gas, and, under Dalton’s law
for partial pressures, the liquid’s own vapor also occupies the volume of the gas bubbles.
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Single and multistage centrifugal pumps have been built that handle far greater gas vol-
ume than these single-stage values!!!2; moreover, multiphase rotary positive displacement
screw pumps can handle gas volume fractions up to 1 (100% gas)*.

Effects of Slurries and Emulsions Finally there is the influence of the dimensionless
quantities {3} in Eq. 43. Impeller and casing design are altered so as to reduce wear-
producing velocities if the pumpage is a slurry of solids contained in a carrier liquid.
(Slurry pumps are usually single-stage machines with a collector or volute casing sur-
rounding the impeller.) This usually means a smaller impeller eye diameter (which, as can
be seen in Figure 6, reduces the inlet relative velocity W,,) and a larger radial distance
from the impeller to the surrounding volute because the circumferential velocity compo-
nent V, of the fluid emerging from the impeller (also seen in Figure 6) slows down with
increasing radial position and is then lower in the volute passageway'®. Performance also
is altered, depending on the composition and concentration of the slurry. These are com-
plicated non-Newtonian flows and are covered in detail elsewhere in this book in con-
junction with a thorough treatment on solids-handling pumps. Emulsions are another
example of such flows, many of which are destroyed by excessive local shear in the fluid.
For this reason, screw pumps are sometimes utilized for emulsions rather than oversized,
slow-running centrifugal pumps. Except for thin layers of the fluid at the clearances, most
of the flow in a screw pump experiences very little shear in comparison to the flow through
a centrifugal pump.

Electromagnetic Effects Not appearing in Eq. 43 are quantities associated with elec-
tromagnetic phenomena. For example, electric current flowing radially outward through
fluid contained in an axially directed magnetic field is capable of producing a rotating flow.
Called a hydromagnetic pump, this device is therefore “centrifugal,” yet it has no moving
parts. Such pumps have been used for liquid metals and could be made reasonably effi-
cient for any pumpage with high conductivity.

DESIGN PROCEDURES

Establishing the Pump Configuration The first step in designing a pump is to deter-
mine the type and number of stages that are needed to meet the given set of operating
conditions, usually @, p,, p,, available NPSH (= NPSHA) and specific gravity of the fluid.
If the pump must meet several such sets of operating conditions, one set has to be chosen
for the BEP or design point so all the others are satisfied, if possible. Making the proper
choice of this BEP may require some iteration: first making a trial choice, doing a pre-
liminary design, and determining the corresponding pump performance characteristic
curves, and then repeating these steps if necessary.

Pump rotative speed N (rpm) must be chosen in order to proceed. Selection of the high-
est practical rpm is desirable because it yields the smallest size and therefore usually the
lowest cost and easiest containment of system pressure. If, for the chosen number of
stages, the stage specific speed is too low, Figure 10 indicates that efficiency is generally
improved with greater speed. The maximum possible rpm is that which yields a value for
the suction specific speed (1, (Eq. 41) or N,, (Eq. 42) that the first stage of the pump can
accommodate, where NPSH is found respectively from Eq. 41 or Eq. 42 as follows:

N(rpm)
Nss,(U.S.)

Q
QSH

NPSH = é( )4/3Q2/3 or NPSH(ft) = ( )4/3[Q(gpm)]2/3 (45)

Typically, the (},.,-capability of an impeller does not exceed a value that is somewhere
in the range 3 to 4.5 (N,, = 8,200 to 12,300), depending on minimum (off-design) flow rate
requirements, and it is typically 10 (27,000) or less for inducers. Generally, the supplier
furnishes a pump that has a value of NPSH-capability (or “NPSHR”) smaller than the
stated NPSHA. This difference or “NPSH-margin” is desirable if there is any uncertainty
as to the true value of NPSHA. It is essential for high values of Ap,,; (see discussion of
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“high-energy pumps” further on in this section). Often a higher speed can be employed
if a double-suction impeller (entry of fluid from both sides) can be used, as then only half
of the given @ enters each side of this impeller, and only that half can be used in the
1,.-equation applying to that fluid and impeller type.

The double-suction configuration is popular for large, single-stage pumps because the
axial thrust is nominally zero. It is also found as the first stage in some multistage pumps,
in which case the arrangement of the remaining impellers can be “back-to-back” (half of
them facing in one direction and half opposite) to achieve axial thrust balance. On the
other hand, the interstage flow passages are simpler if these impellers are all facing in the
same direction—in which case the thrust is opposed by a balancing drum or disk as
described in Section 2.2.1. Forming the specific speed from N, @, and AH (from Eq. 3) and
referring to Figure 9 for the kind of impeller {which then gives one an idea of the other
hydraulic components (inlet passage, diffuser and collector, and so on) and Figure 10 for
the expected efficiency, one can decide whether the pump would perform better and still
meet any installation and size restrictions with more than the one stage implied by this
first N,-calculation.

If the user requires the performance characteristics of a positive displacement pump—
such as a wide range of pressure-rise at a nearly constant flow rate @—selecting such a
pump may be possible if the specific speed is not too high. (See Figure 9.) The choice of
speed for positive displacement pumps is sometimes determined by mechanical consider-
ations rather than suction capability.

Sizing the Pump The next step is to determine the approximate size of a pump or
pump installation. Beginning with the impeller, the agent of the energy transfer to the
fluid in a pump, one utilizes the results of the pump hydraulic geometry optimization
process. This also yields the proportions of the velocity diagrams that correspond to the
geometry associated with the desired value of specific speed. These in turn lead to two
major sizing factors for an impeller, which are plotted for typical commercial pumps in
Figure 12; namely the head coefficient ¢ (originally defined in Eq. 31) and the outlet flow

Ty = 1 [gad | {Impeller radius at exit b, = Q. { Exit Yidth of .
Oy v 2n QI22¢ & Limpe ler passage
Ns= 1093 1913 2733 3553 4373
0.7 T + T + —— 0.7
04
0.8 - = 4 0.6
v QSlM t = Blockage effect
0s = 04 (1= no blockage)
S5 - = 4 0.5
JQ
Pump 5 (Eryp. = 0.85)
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FIGURE 12 Sizing factors for the diameter and width of typical impellers—adapted from Stepanoff *
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coefficient ¢, defined on this figure®. Equations in the figure show how these factors are
used to determine the exit radius r, (or diameter D,) and the width b, (Figure 8) respec-
tively. The flow coefficient ¢, is obviously a velocity component ratio. For the head coeffi-
cient of a pump with zero inlet prewhirl to the impeller (that is, V, |, = 0), the relevant
velocity ratio (see Figure 3) is V, JU,, which in view of Egs. 15b and 31 is equal to the
ideal head coefficient y,, as this corresponds to the ideal head H,. Referring to Eq. 15¢, it
is obvious that the actual head coefficient ¢y = my x ¢, or, In the (common) case of zero
prewhirl, ; = V, /U,

Overall pump dimensions are conveniently viewed in terms of factors times the
impeller diameter. The overall diameter exceeds that of the impeller due to the surround-
ing casing. For single stage pumps, this casing will include a volute and perhaps a set of
diffuser vanes immediately surrounding the impeller; so, the casing diameter can be 50%
greater than D, or more. On multistage pumps (many with radial-outflow diffusers and
return vanes), this excess is often less than 50%.

Single-stage pump axial length includes provision for inlet passageways and bearing
housings and is therefore approximately the same as the overall pump diameter. On the
other hand, the axial length of a stage in a multistage pump is often less than half of the
impeller diameter. Minimizing this “stage length” (and diameter) is a goal of competitive
pump designers in the quest to create a machine of light weight and low cost. But too
small a stage length is accompanied by inferior hydraulic performance because not
enough room is provided for the passages around and within the impeller to turn the fluid
with minimum loss. Further, the bearing housings and the suction and discharge “heads”
or end pieces must be considered in arriving at the overall length of a multistage pump.

This sizing discussion so far has focused on pumps with a radial-outflow geometry. For
the axial-flow geometries of higher specific speeds, the situation is simpler. The diameters
of the propeller (Figure 9) and any stationary vanes downstream (or upstream) are essen-
tially the same. The approach and discharge piping is of about the same size. A simple
guideline for the maximum radius of the propeller is found from the following approximate
extrapolation of the y-curve of Figure 12:

0.53
ll’t = QS (46)

where the outer radius of the propeller r,; should be substituted for the mean exit radius
r; in the y-definition. Thus the y-curve is in reality a y,-curve for non-radial-flow pumps.
For small departures from radial flow, as illustrated in Figure 8, the y-curve of Figure 12
can be used either way.

These guidelines are often all that pump users or fluid system designers need to plan
their installations. To get beyond this overview, one must pursue the hydraulic design in
detail—as afforded by the following development and examples.

Designing the Impeller Determination of the geometrical features of the impeller is
generally accomplished in the following order: a) the “eye” radius r,, b) the exit radius r,
or r,y, and c) the exit width b, or, in the case of mixed- and axial-flow impellers, the hub
exit radius r, ,—all of which form the starting point for d) shaping the hub and shroud
profiles (Figure 13); and, finally, e) construction of the blades,

a) The eye. 'The inlet radius of the impeller eye r, (Figure 13) is nearly the same as r,,,
which is the diameter of the tips of the impeller blades at the inlet. This emerges after
the eye flow coefficient ¢, = V,/U, [the ratio of the one-dimensional axial velocity enter-
ing the eye (Figure 8) to the tangential speed of the impeller eye U, = {}r,] is known:

QAT
qbe - Qre - Ue (47)
Ae = 11-(rez - rsz) (48)
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FIGURE 13 Hub and shroud profiles of centrifugal pump impelier
Thus, r, can be found from the following combination of Egs. 47 and 48:
= @ o (49)

7‘32
'n'Qd)e(l - ——)
r

€

where the shaft-to-eye ratio r,/r, can be estimated at first. Typical values for ¢, vary from
0.2 to 0.3 for impellers and down to 0.1 or less for inducers, depending on suction condi-
tions, as can be seen from its relationship to suction-specific speed:

Q,, = (gNPSH  NPSH = /7 1 ~ -2 / (r/2)¥ (50)

where the cavitation coefficient 7 (cf. 7, in Eq. 36) is defined in terms of the eye speed
U, = Qr, (Table 1). 7 is related to ¢, through empirical correlations, such as those given in
Table 1, (Gong‘wer’s14 values for the correlation factors k, and %, apply to large pumps. The
larger “typical” values shown for 3% breakdown apply to the more common smaller sizes.
The inducer correlation is a curve fit to the data of Stripling and Acosta!® for the break-
down value of .) Thus one can solve for ¢, from a given suction-specific speed and, through
Eq. 49, obtain the eye size. However, the value of ¢, at the BEP or design point rarely
exceeds 0.3, regardless of how much NPSH is available. This ¢,-limit therefore applies to
impellers that follow and are in series with the first stage in a multistage pump. These are
variously referred to as “series” or “intermediate” stages. (Slurry pump impellers are an
exception to this guideline, for then the relative velocity is minimized to avoid excessive
wear. In this case ¢, can be as high as 0.4 and NPSHA is generally more than adequate for
these slow-running machines.)

b) The exit radius r; (or diameter D). This is found from head-coefficient ¢ by means
of the equation for r, in Figure 12. The curve for & can be used unless detailed perfor-
mance analysis or a desired performance characteristic curve indicates otherwise. Eq. 46
can be used for specific speeds (), greater than 1.6 (N, > 4373), where the maximum
radius r,, is computed per the previous discussion accompanying that equation. At this
point, it can be seen that the equation in Figure 12 for exit radius r, and Eq. 49 for the
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TABLE 1 NPSH correlations for breakdown of pressure rise due to two-phase activity
in pump

a) Impellers (Gongwer*)

z Wi /Via\n V2 Wi, Wi
WSty =g gt = (57 g Rl | Vi
NPSHj, ~
FOI‘ VB,l = 0: 1'3% = _"Fﬂ = (kl + k2)¢§ + kz U]at~ Ue
_£ FIGURE 14 Inlet velocity diagram
28 at shroud for V,,; = 0

where,
for large pumps (Gongwer'?), k; = 1.4, and &k, = 0.085
and, for typical pumps, &, = 1.69, and &, ~ 0.102

b) Inducers (curve fit to the data of Stripling and Acosta'®)
d)esj'an,l,sh 35
‘T—— 0.02 + 0.02[10g10(m) + 311‘\

eye radius r, can be combined to yield the ratio of eye size to that of the OD for cen-
trifugal impellers; viz.:

. D, Q28N y
i v 1)

rs Dy 72\ 1173
o, | 1 — —
re

Except for inducers, which have very low values of ¢,, this ratio is affected mainly by spe-
cific speed as illustrated in Figure 9.

¢) The exit width b,, The equation for exit passage width b, in Figure 12 can be used for
radial-outflow and mixed-flow impellers, r, being located halfway across the passage. This
involves the exit flow coefficient or meridional velocity ratio ¢; = V,, #U,, the lower curve
of Figure 12 being for typical values of this quantity. The “openness” factor & allows for
blockage due to blade thickness and to the buildup of boundary layers on the surfaces of
the passageways (blades and hub and shroud). The value of ¢ is generally between 0.8 and
0.9, the higher figure applying to larger machines. For axial-flow impellers or propellers
and inducers, a choice of the hub-to-tip radius ratio at the exit defines the passage width
instead. This ratio decreases with specific speed from about £ at the right end of Figure 12
to } or less at the highest specific speeds.

d) Hub and shroud profiles. With the eye and the outlet sizing established, the two are
connected by specifying the hub and shroud profiles. Some texts illustrate the variation
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of hub and shroud profiles with specific speed!®. Although these are excellent guidelines
coming from experience, what follows is the approach one would take to synthesize these
shapes on the basis of fundamental fluid dynamical considerations, at the same time tak-
ing experience into account. Referring to Figure 13, an acceptable geometry can be
achieved by following these guidelines:

i. Maintaining the meridional flow area 27r,,b, at the blade leading edge at about the
same as it is at the eye, namely #(r.2 — r.2), or slightly larger to compensate for blade
blockage; but then gradually increasing it versus meridional distance to the gener-
ally larger value already established at the exit, namely 27ryb,.

ii. Choosing the minimum radius of curvature R, of the shroud to be about half the
radial opening at the eye. This avoids excessive local velocity V), at the blade leading
edge, (Figure 14 in Table 1.) This has two consequences. Shaping the impeller blades
to match a widely varying meridional approach velocity can complicate the construc-
tion of these blades. Also, on first-stage impellers, if V ; is too great, the local pressure
at that location will be closer to the vapor pressure, increasing the required NPSH (or
NPSH,,;). This is due to a larger resulting value of the empirical factor %,, presented
in Table 1 as the n'" power of the velocity ratio V, ;/V.. n = 2 is expected from Bernoulli
considerations, and if V,,/ V, = 1.3, the value of 1.69 emerges for k&, as shown in Table 1.
Via/V, = 1.2b1s a typical choice of designers for setting the impeller blades at inlet.
A CFD solution of the combined inlet passage and impeller blading would show the
actual resulting value of this velocity ratio, which might then lead to a change in the
impeller blading or radius of curvature R,,. The powerful effect on this velocity ratio
of the sharpness of the turn that the flow negotiates in coming into the impeller eye
and turning toward the radial direction can be seen from the following finite-
difference form of the differential equation governing axisymmetric inviscid flow in
the impeller eye region:

AV,
Ve

b= oy

where R is the average radius of curvature of the flow in the meridional plane of Fig-
ure 13, AV, is the difference in V,, from hub to shroud over a distance b, perpendicu-
lar to the direction of flow that moves at an average meridional velocity V,. Thus a
sharp turn with its small value of R produces a large value of AV, /V,, which in turn
corresponds to a large value of the velocity ratio V, ,/ V..

iii. Shaping the hub profile compatibly with the guidelines as stated earlier. This is best
done after making an initial estimate of the shroud profile as outlined previously. The
distribution of meridional flow area from the eye to the exit should then be specified.
From this, a hub profile will emerge. As seen in Figure 13, the hub of a radial-outflow
impeller becomes essentially radial over the outer portion of its extent. If this does not
result from this procedure, appropriate adjustments can be made to the shroud pro-
file and the process repeated.

iv. For a high-specific-speed, axial-flow impeller, or inducer, the hub profile is often a cone
or a reverse curve between a smaller radial location at inlet to a larger one at outlet,
the latter radius decreasing with increasing specific speed as mentioned earlier. A
cone or cylinder for the shroud profile is often found in such machines.

e) Construction of the blades. The blades are designed by i) selecting the locus of the lead-
ing and trailing edges in the meridional plane, ii) establishing the surfaces of revolution
(streamwise lines in the meridional plane) from inlet to outlet along which the construc-
tion proceeds, iii) selecting the inlet angles, iv) selecting the outlet angles, v) establishing
the number of blades, and vi) obtaining the blade coordinates from inlet to outlet:

i. Leading and trailing edge loci.  If every point along the leading and trailing edges is
revolved about the axis of rotation s¢ as to lie in one meridional plane, the loci of these
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edges appear as shown in Figure 13. The outer or shroud end of the blade leading edge
is positioned at or near the minimum radial location; that is, at or near the eye plane,
whereas the inner or hub end is typically well back and largely around the corner
along the hub profile. These locations are desirable; first, at the shroud, because the
absolute velocity V (typically = V) approaching the blade begins to decelerate beyond
the eye plane, so starting the blade ahead of this decelerating region tends to prevent
separation of the fluid from the shroud surface due to the pumping action in the blade
channels'’; and secondly, being far enough along the hub in the streamwise direction
to avoid impractical blade shapes (excessive twist, rake, and so on) that would make
both the construction and the flow inefficient. The locus of the blade trailing edges is
normally straight in the meridional plane and is axial in orientation for most cen-
trifugal pumps, At the higher specific speeds, this locus becomes more and more slanted
until it takes on the nearly radial orientation it has for a propeller (Figure 9).

ii. Surfaces of revolution for blade construction. Developing the coordinates of the
blades along three streamwise surfaces of revolution—the hub, mean, and shroud,
whose intersections with the meridional plane appear as streamwise lines in that
plane—usually provides a sufficient framework for shaping the blades of an impeller.
However, for high specific-speed impellers, where the passage width in the meridional
plane & (Figure 13) is large (about equal to or greater that the meridional distance
from leading to trailing edge), definition along two intermediate surfaces of revolution
is also needed to achieve a satisfactory design.

The “mean” line is one that is representative of the flow from a one-dimensional
standpoint as well as for the construction of the blades. Precisely, this is the mass-
averaged or “50%” streamline (that is, the streamline for ¢ = 0.5 in Figure 14)—which
evenly divides the mass flow!”. This line is reasonably and conveniently approximated
by the “rms streamline;” that is, the line that would result in a uniform meridicnal
velocity distribution from hub to shroud and therefore equal areas 27rAn normal to
the meridional velocity component V. In this case, An (= Ab) is the spacing between
the rms streamline and the hub or shroud line. This would put each point on the mean
line at the root mean square radial position along a true normal to the meridional
streamlines; hence, the “rms” terminology.

iii. Inlet blade angles. The blade angles are set to match the inlet flow field. This is done
where each of the previously chosen surfaces of revolution (that intersect the merid-
ional plane in the streamwise lines just described) crosses the chosen locus of the
blade leading edges in the meridional plane. At each such crossing point, an inlet
velocity diagram of the type shown in Figure 3 is plotted in a plane tangent to the sur-
face of revolution at that point. (Figure 3, representing a purely radial-flow configu-
ration, is a view of such a plane, as the surfaces of revolution are then simply disks.)
Each such velocity diagram or triangle contains a specific value of the angle 8,
between the relative velocity vector W, and the local blade speed vector U, = Qr,.

The corresponding blade angle 3, between the mean camber line of the blade and
the circumferential direction is set equal to 3, or slightly higher than this to allow for
the higher V| caused by non-zero blade thickness at the leading edge and to allow for
higher flow rates that may be called for at off-design conditions. To construct the tri-
angle, one first plots U, and then V,, ;, which is taken from a CFD or other analysis of
the meridional velocity variation across the inlet eye as discussed above under d) Hub
and shroud profiles or is chosen as the mean value @/27r, b, (Figure 13) at the rms
streamline. It is adjusted from experience at the shroud and hub. Likewise, if any
prewhirl V,, is delivered to the impeller, it must be taken into account as illustrated
in Figure 3.

iv. Qutlet blade angles. Whereas the inlet velocity diagrams enable the designer to cor-
rectly set the blades to receive the incoming fluid with minimum loss, the outlet veloc-
ity diagram displays the evidence—through the magnitude of the circumferential
velocity component V,, that the intended head will be delivered by the pump in accor-
dance with Eq. 15¢. As shown in Figure 3, V,; is determined—for the given impeller
tip speed U,—by the exit relative flow angle B, in conjunction with the exit meridional
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velocity component V,, ,. This value of V,, is somewhat larger than that given by
Eq. 16 because of a) blockage due to blade thickness and boundary layer displacement
thickness and b} the presence of any leakage flow @, (Figure 2 and Eq. 11) that may
also be flowing through the impeller exit plane or Station 2.

Well inward of the exit plane, the direction of the one-dimensional relative velocity
vector W can be assumed to be parallel to the blade surface; however, in the last third
of the passage, the blade-to-blade distribution of the local relative velocity changes
due to the unloading of the blades at the exit. This produces a deviation of the direc-
tion of W, from that of the blade. This deviation, called “slip” in centrifugal pumps,
results in less energy being delivered to the fluid by the impeller than would be the
case if there were “perfect guidance” such as would occur with an infinite number of
blades. Accordingly, in the outlet velocity diagram of Figure 15, the relative flow angle
Bris less than the blade angle 8,. This deviation is quantified by the “slip velocity” V..
The magnitude of V, depends on the distribution of loading along the blades from inlet
to exit and therefore on the geometry of the flow passages and the number of blades.
(Without slip, W, is the same as the “geometric” relative velocity W, ; shown in the fig-
ure.) The slip factor p = V,/U,—typically between 0.1 and 0.2—was determined the-
oretically by Busemann for frictionless flow through impellers with zero-thickness,
logarithmic-spiral blades (constant-B from inlet to exit) and a two-dimensional, radial-
flow geometry with parallel hub and shroud?®. Applicability of this theory to typical
impellers, despite the differences in geometry and the real fluid effects, was found to
be good by Wiesner, who represented Busemann’s results by the following convenient
approximation®®:

. \
_ Ve Vsing, .y N 1
HET, T e if v < iy, Where gy = :grem;,gj)
ﬁb
" . b (52)
v, ( A /sin[32> ;; = Elimit e
p=m=1-{ (1 -2 x 1| 2Z—r i = > ey
U, n%’T 1= eymir ra it
7

A broader, empirical slip correlation for pumps was developed by Pfleiderer, taking
into account impeller geometry and blade loading, as well as the influence of the down-
stream collecting system (volute or diffuser)®. Pfleiderer computes the slip velocity as
the product of a slip factor p and the impeller exit tangential velocity V,,, where p is
computed as shown in Table 2. This table also contains a simple example; namely, a
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FIGURE 15 Impeller outlet velocity diagram
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TABLE 2 Pfleiderer’s slip formula

Slipvelocity, Vs = pVj,

8,00,2

Thus, =1+p
Voo
rr2
where p = 2'1/ 2
J nyrdm
1

andwhere ' = @ X (1 + sin B, ;)

0.6 for vaned diffuser;
and @ = ¢ 0.65 to 0.85, volute;
0.85 to 1.0, vaneless diffuser.

Example:ry = 1;r; = 0.4; Vg = ?2; ny, = 7; By o = 20 degrees; a = 0.8(volute)
Results:
Y =08 X (1+0.342)

2
1 rg tr
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1 2 2
v 2 0.8 % (1 +0.342) x 12
p=r= v ( ) = 0.3652
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1
m 0.6 y
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radial flow impeller of a volute pump, for which the resulting value of u is 0.1826—
versus 0.1498 via Eq. 52; however, in this case the latter result is low by about 15%.
A study of the Busemann plots in Wiesner’s paper yields u = 0.18. Yet, if this had been
a vaned-diffuser pump, Pfleiderer would have predicted x = 0.1468 for the same
impeller, as it would have delivered more V,, for the same S, ,, W,,, and, therefore, V.,
(Figure 15). This stems from the factor “a” in Table 2 having the value 0.6 (for a vaned
diffuser) instead of 0.8 (for a volute). So by this combination of circumstances—and in
this example—Eq. 52 describes the slip of a diffuser pump impeller. But, despite the
simplicity of Eq. 52, Pfleiderer’s method (Table 2) would appear to be a more rational,
comprehensive, and satisfying method for estimating slip in real pumps.

So, to find the outlet blade angle, the designer begins by deciding upon the required
value of V, ,; finds the exit flow angle and other elements of the diagram assuming the

existence of slip. Next, the designer computes the slip and then obtains the value of
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the outlet blade angle 8;,. The process is iterative because the forementioned block-
age depends on the blade angle as well as the thickness.

v. Number of blades. The choice of the number of impeller blades is influenced by a)
interaction of the flow and pressure fields of the impeller and adjacent vaned struc-
tures such as the volute tongues or diffuser vanes and b) the need to maintain smooth,
attached—and therefore efficient—fluid flow within the impeller passages. The effect
of the number of blades on the interaction phenomenon is addressed in the latter part
of this section under the topic of high-energy pumps, where this issue becomes criti-
cal. Smooth, attached flow is assured if the product of the number of blades and their
total arc length € along a given meridional streamline, as illustrated in Figure 16, is
of sufficient magnitude. Divided by a representative circumference on that streamline,
usually that of the impeller outer diameter (OD), this product is called the solidity o

ny X £
o= (53)

2mry

If splitter blades are used, the value of n, changes from impeller inlet to outlet (1 to 2).
In that case, the numerator of Eq. 53 is replaced by the implied sum of the arc lengths
of all the blades in the impeller.

In practice, solidity varies from about 1.8 at low specific speed ({1, < 0.4 or N, <
1093) to slightly less than unity at Q, = 3 (N, = 8199). For example, Dicmas’ curve® is
useful for ), > 1 (N, > 2733). This limits the relative velocity reduction that occurs on
the blade surfaces. Illustrated in Figure 17, this reduction or diffusion arises from the
loading on the blades expressed in terms of the blade-to-blade relative velocity differ-
ence AW,

_ 27 « VZO d(UV,)

W, - W(=aWy) = 2 x 2 S 50

V ... is the local meridional velocity component neglecting blockage. (One-dimensionally,
V... 18 the value of V, found from Eq. 16, where the radius r is that from the axis of
rotation to the center of the circle of diameter b in Figure 8, which in turn lies on an

FIGURE 16 Intersection of impeller blades with mean surface of revolution
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FIGURE 17 Relative velocity distributions

imaginary line in Figure 8 that is normal to the hub, shroud, and intermediate stream
surfaces.) Here, AW, emerges by applying Bernoulli equation [Eq. 21 with no change
in radius (that is, no change in U) or loss as one traverses from pressure side to
suction side of the passage] to the static pressure difference p, — p, arising from the
delivery of angular momentum to the fluid (Eq. 26). This in turn results from the
application of the shaft torque to the blades. It is also assumed in the derivation of
Eq. 54 that the blade-to-blade average relative velocity W lies halfiway between the sur-
face velocities W, and W, (which would exist just outside the boundary layers on the
blades,} as illustrated in Figure 17. This is a good assumption for efficient flow well
within a bladed channel?®. AW, is inversely proportional to the solidity because, on the
average, from inlet to outlet, Eq. 54 becomes

W AW~ 27ry 8in B - ‘
s~ W, =AW, = —W—A Eva (55)

where it can be seen from Figure 16 and Eq. 53 that the fraction involving the num-
ber of blades n, is the reciprocal of the solidity ¢ because

€= Am/sin B (58)

If splitter blades are used, an appropriate average number of blades is substituted
for n, in Eq. 53.

For unconventional impeller geometries, the foregoing solidity guidelines may be
inadequate to assure efficient flow. For any geometry, though, the concept of a diffu-
sion factor D, utilized by NACA researchers® to assess stationary cascades of airfoils
can be employed. In view of Egs. 53-56, their equation for D takes the following form
for both axial- and non-axial-flow geometries, rotating or not:

INER
Wy (Tz 9)
D—l—m-"—ml—- (57)
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This can be deduced from Figure 17 as follows:

D=

W, - W, AW, ( AWdiffusiun> (58)

W, 2w, W,

Then, Eq. 57 is obtained through the definitions of the average value of AW, (Eq. 55
with Eq. 56) and o (Eq. 53). NACA researchers found that losses increase rapidly if D
> 0.6. However, many centrifugal pump impellers have virtually the same value of rel-
ative velocity W at inlet and at outlet—along the rms streamline (Figure 17), so D
from Eq. 57 is less than 0.6 on the rms streamline and even negative along the hub
streamline. This situation was encountered in accelerating (turbine) cascades and led
to the use of local diffusion factors, one for each side of the blade, namely D, and D,.
Here, inspection of Figure 17 and Eq. 58 leads to

W min Ww.
2 ’ Ds =1- 2
Wl Ws, max

D,=1-

(59a and b)

where the 0.6 limit applies individually to D, and D,, Egs. 59a and 59b, therefore, con-
stitute a more useful form of the diffusion factor concept for assessing the blade load-
ing and the choice of the number of blades in centrifugal pump impellers®.

Finally, the total blade length or number of blades, should not exceed that necessary
to limit the diffusion as just described, as this adds unnecessary skin friction drag,
which causes a reduction in efficiency. Thus the solidity values given in conjunction
with Eq. 53 should not be appreciably exceeded, unless blade load needs to be reduced
to lower levels, as with inducers to limit cavitation® or impellers for pumps that must
produce lower levels of pressure pulsations.

vi. Development of the blade shape. Blades are developed by defining the intersection of
the mean blade surface (really an imaginary surface) or camber line on one or more
nested surfaces of revolution. Two such surfaces are formed by the hub and shroud
profiles. If the blade shape is two-dimensional (that is, the same shape at all axial
positions z), the mean blade surface is completely defined by constructing it on only
one such surface of revolution. Generally, however, the gshape is three-dimensional and
is a fit to the shapes constructed on two or more of these surfaces of revolution;
namely, the hub and shroud and usually at least one surface between them. After this
final shape is known, half of the blade thickness is added to each side. (Sometimes the
full blade thickness is added to one side only, meaning that the constructed surface
just mentioned ends up—usually—ag the pressure side of the finished blade rather
than the mean or “camber” surface. The effective blade angles are then slightly dif-
ferent from those of the pressure side used in the construction process.) The con-
struction along a mean surface of revolution is illustrated in Figure 18. The
distribution of the local blade angle 38 (or more precisely, 8;) is found first by either the
“point-by-point” method or the conformal transformation method—both of which vield
the polar coordinates of the blade, 7; 6, and z. These coordinates also depend on the cho-
sen shapes of the intersections of the surfaces of revolution with the meridional plane;
that is, the hub, shroud, and mean meridional “streamline” or rms line, as in Figure 18c,
and the fact that, on the surface of revolution Figure 18a, tan 8 = arc be/arc ac =
dm/dy.The elemental tangential length dy (= arc ac) is the same on both the surface
of revolution (Figure 18a) and in the polar view (Figure 18b). From Figure 18b, it is
seen that dy = rd6, so the “wrap” angle 0 is found from

tan 8, = %’% (60)

and r and z are found from the fact that the coordinate m along each of the construc-
tion surfaces is a function of » and z (Figure 18c).
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FIGURE 18 Blade construction: a) view of construction surface of revolution; b} polar view; ¢) meridional view

If the blade is two-dimensional, its mean surface consists of a series of straight-line axial
elements, each having a unique r and ¢ at all z. Such a blade is typical of low-specific-
speed, radial-flow impellers, and can be easily constructed by the “point-by-point”
method. Here, one specifies the distribution of W,—often linear as in Figure 17—after
determining the hub and shroud profiles and the corresponding distribution of V6,
In effect, one obtains the distribution of the blade angle 8, by constructing a velocity
diagram like the one in Figure 15 at every m-location from inlet (1) to outlet (2) in Fig-
ure 18¢, dealing only with the “geometric” or nondeviated velocities, in order to get a
smooth variation of the blade angle 8, vs m. Allowance is made for blockage due to the
thickness of the blades and the displacement thickness of the boundary layers in the
passage. The resulting wrap angle 8 for each m-point—as well as the corresponding r
and z—is then found from Eq. 60. (For convenience in designing the blades, the con-
struction angle 6 is often taken as positive as one advances from impeller inlet to exit.
For most impellers, this turns out to be opposite to the direction of rotation; and 8 is
taken in the direction of rotation for most other purposes of pump design and analysis.)
As discussed previously in Paragraph iv and illustrated in Figure 17, the actual flow
will deviate from the resulting blade via the “slip” phenomenon.

The point-by-point method allows the designer to exercise control over the relative
velocity distributions on the blade surfaces (Eq. 54 and Figure 17) via specification of
the distribution of W, or other velocity component in Figure 15; for example, V,. This
becomes more important if an unconventional impeller geometry is being developed’”.

The point-by-point method can also be used for three-dimensional blades. A simple
approach in this respect would be to use this method to determine the blade shape
along the rms- or 50%-streamline (that is, on the mean surface of revolution depicted
in Figure 18). The shapes on the other streamlines, generally the hub and the shroud,
can also be found by this method. The resulting overall blade shape, however, is sub-
ject to the condition that the resulting wrap 6, — #, cannot greatly differ on all
streamlines without the blade taking on a shape that is difficult to manufacture and
which may turn out to be structurally unsound or create additional flow losses. This
is because the final blade shape is the result of stacking the shapes that have been
established on the nested stream surfaces defined by these meridional streamlines.
Blade forces due to twists arising from this stacking could modify the expected flow
and cause unexpected diffusion losses.
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One way to generate blade shapes along the hub and shroud that have the same
(or nearly the same) wrap as that obtained from point-by-point construction of the
blade on the mean surface of revolution is to establish the desired inlet and outlet
blade angles 8, on each such surface and then mathematically fit a smooth shape
y(m) to these end and wrap conditions, where y is the tangential coordinate seen in
Figure 18 and defined in Figure 19. A conformal representation of the shapes of
the blades resulting from such a procedure on each of the three surfaces is seen in
Figure 19. These shapes are sometimes called “grid-lines” or simply “grids”—from
the description of the graphical procedure that relates these shapes in the conformal
representation to those on the actual, physical surfaces®. In such a representation,
the blade angles are the same as they are on the physical surface of revolution
because tan 8 = dm/dy and dy = rd#, also yielding Eq. 60.

If the associated distributions of W, and V,, are smooth, one can expect to have a sat-
isfactory result if these conformal representations are also smooth. Thus, many skilled
designers bypass the computations just described for the point-by-point method and
use the conformal transformation method of blade design. Here, one simply estab-
lishes the grid-line shapes by eye in the conformal plane of Figure 19, specifying the
blade angles 8 at inlet and outlet by the previous procedures as the starting point for
drawing each grid-line. This conformal blade shape is then transformed onto the phys-
ical surface, the differential tangential distance dy becoming rd# on the physical sur-
face (Figure 18) and the differential meridional distance dm being identical in both
the conformal and physical representations. If the resulting blade shape appears to be
unsatisfactory, the designer repeats this process, possibly first altering the hub and
shroud profiles or the blade leading and trailing edge locations on these profiles and
recomputing the Bs.

Designing the Collector The fluid emerging from the impeller is conducted to the
pump discharge port or entry to another stage by the collecting configuration, which can
employ one or more of the following elements in combination: a) volutes, which can be
used for designs of all specific speeds, b) diffitser or stator vanes, which are often more
economical of space in high-specific-speed single-stage pumps and in multistage pumps,
and for the latter, c) return or crossover passages, which bring the fluid from the volute
or diffuser to the eye of the next-stage impeller. Generally, the most efficient impeller has
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a steady internal relative flow field as it rotates in proximity to these configurations. This
is assured by all of these elements because they are designed to maintain uniform static
pressure around the impeller periphery—at least at the design point or BEP. An excep-
tion to this rule is the concentric, “doughnut”-type, “circular-volute” collector, which is used
on small pumps or in special instances where the uniform pressure condition is desired
at zero flow rate.

The proximity of stationary vanes in these collecting configurations to the impeller must
be considered in their design. Called “Gap B,” the meridional clearance between the exit of
the impeller blades and adjacent vanes ranges from 4 to 15% of the impeller radius, volutes
having higher values in this range than diffusers, and pumps of higher energy level requir-
ing the larger values. If these gaps are too small, the interactions of the pressure fields of the
adjacent blade and vane rows passing each other can cause vibration and structural failure
of impeller blades, diffuser vanes, and volute tongues.

a) Volutes. A volute is built by distributing its cross-sectional area on a “base circle” that
touches the tongue or “cutwater” and is meridionally removed from the impeller exit by
Gap B. (For radial-discharge impellers, as in Figure 20, this is a radial gap, and the base
circle has radius r;.) Beginning at the tongue, the cross-sectional area A, of the volute pas-
sage is zero, but it increases with angle 6 in the direction of rotation, ending up at area
Ar in the “throat” T, as depicted in Figure 20, Worster demonstrated that the desired
peripheral uniformity of static pressure can be achieved if the product rV, is constant
everywhere in the volute®. One-dimensionally, this means that »;V,; = r,V,,; and, if the
velocity V7 is essentially tangential (in the 6-direction), r,Vy = r,V,,. The diffusion or
reduction of the velocity V from the impeller periphery at r, to the larger r; of the throat
produces a static pressure increase above that at the impeller exit; however, friction losses
in the volute would cause a reduction in static pressure around the impeller at r, from
tongue to throat unless the throat area Ay = Q/V; is slightly enlarged, creating a little
more diffusion to compensate for this loss. Thus, in practice, at the BEF,

r;r'.‘/j"E (09 to 0.95) X r2V9y2 (61)

At off-BEP conditions, the volute will be either too large or too small and Eq. 61 will not
be satisfied. When the flow coefficient (or @ /N) drops below the BEP value, there will be
excessive diffusion and an increase of static pressure around the volute from the zero area
point around to the maximum area point at the throat. Proceeding around further, past
the throat, a sudden drop in pressure occurs across the tongue to bring the pressure back
to what it was at the starting point®. The opposite situation occurs above BEP.

Each of these off-BEP circumferential static pressure distributions is properly
viewed as the consequence of a mismatch between the head-versus-flow characteristics
of the impeller and volute®. For the impeller, there is the falling, straight, H-versus-Q
line or “impeller line” of Figure 6, whereas the volute characteristic or “casing line”
would be a straight line starting at the origin of Figure 6 and crossing the impeller line
at the match point, which is generally at or close to the BEP flow rate. This casing line
is straight because the throat velocity V7 varies directly with flow rate @ and, through
Eq. 61, directly with the ideal head H,—because 2 X r,V,, = H; (Eq. 15b for V,; = 0). In
other words, the same volute could be optimum at a different value of @ if it were
paired with another impeller whose H,-versus-@ line crossed this same casing line at
that different .

To essentially eliminate the consequent radial thrust on the impellers of large pumps
at off-BEP conditions, a double volute is used; that ig, there are two throats, 180° apart,
there being either two discharge ports or a connecting “back channel” to carry the fluid
from one of the throats around to join the flow emerging from the other—to form a single
discharge port.

The value of the volute cross-sectional area A, at a given polar position 8, can be found
for the portion of the total pump flow rate € being carried in the volute at that 6 -position
together with the condition rV, = constant versus radius, This will produce a distribution
A,(6) that is slightly below a straight-line variation versus 6, from zero to A Often, the
practice is to use the latter straight-line design because this produces larger values of A,
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where the hydraulic radius of the volute is small, thus compensating for the greater fric-
tion loss in that region through lower velocity—particularly for the smaller pump sizes. The
cross-sectional shape of the volute is dictated by the need to make a minimume-loss transi-
tion from a small area at the beginning of the volute where the height (as can be deduced
from Figure 20b) is much smaller than the width b, to the throat, for which the height (to
the outer casing wall at r,) and the width b, are more nearly equal. Too small an aspect
ratio (height/width) decreases the hydraulic diameter too much and increases the loss.
There is another transition from the throat through an essentially conical diffuser (which
may negotiate a turn) to a larger, circular exit port. This diffuser can be designed with the
help of charts of flow elements and will normally have a 7° angle of divergence and a dis-
charge area up to twice that of the throat A,;#’. Thus, there is a substantial diffusion from
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the impeller periphery to the pump or stage exit port. This generally produces a static pres-
sure rise in the collection system that is 20 to 25% of that of the whole stage.

b) Vaned diffusers. A vaned diffuser is rotationally symmetric and, if properly applied,
produces minimal radial thrust over the whole flow rate range of a pump. Although diffu-
sion can be accomplished in a radial outflow configuration without vanes due to the essen-
tial constancy of the angular momentum per unit mass rV,, one rarely finds a pump with
a vaneless diffuser, partly because so much radial distance is needed to effect the reduc-
tion of tangential velocity required, as well as the still larger volute needed on single-stage
pumps to collect the fluid at the exit of such a diffuser. Also, the absolute flow angle a,
(Figure 15) of the fluid leaving the impeller is usually too small to satisfy the conditions
for stall-free flow in a vaneless diffuser®. A vaned diffuser, on the other hand, can accom-
plish the reduction of velocity in a shorter radial distance. Also it can diffuse axially and,
to a degree, even with radially inward flow.

Vaned diffusers are similar to multiple volutes in concept, except they are subject to off-
design flow instabilities if not shaped correctly. Width &; is usually slightly greater than
b, in order to accommodate discrepancies in the axial positions of impellers that feed them.
With reference to Figure 21, “Gap B” (= ry — r,) is in effect a short vaneless diffuser, and
by the time the fluid has reached the throat (the dashed line at Station 4), it has gained a
substantial portion of the static pressure recovery that takes place via diffusion from Sta-
tion 2 to Station “ex.” This “prediffusion” is enhanced by the fact that the throat area at
Station 4 (= bw, per passage for parallel-walled radial-flow diffusers) is larger than it is
for volutes, the following relation applying to diffusers?®:

rTVT = 0.87'2V9’ 2 (62)

Therefore, more diffusion than would result from applying Eq. 61 occurs in a vaned dif-
fuser, the skin friction loss due to an otherwise higher velocity at the throat being offset by
an efficient reduction of the velocity up to that point and a lower velocity onward.

The fully vaned portion from throat to exit (Figure 21), which performs most of the rest
of the diffusion and associated static pressure recovery of the stage, is designed to perform
efficiently and maintain stable flow. For typical radial-flow geometries with parallel walls,
the vanes can be of constant thickness and comparatively thin or can thicken up to form
“islands.” The latter approach usually produces a channel that is two-dimensional with
straight sides diverging at an included angle, length-to-entrance width €/w,, and area
ratio A,./Ay in a combination that avoids appreciable stall®. A typical combination is an
included angle of 113 degrees, £/w, = 4, and A,./A; = 1.8, which also applies for vanes of
constant thickness, as illustrated in Figure 21. Constant thickness vanes have curvature.
This modifies the performance somewhat?®®2, but it allows a smaller overall radius ratio
of the diffuser, r./rs.

FIGURE 21 Vaned diffuser
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Also, this ratio r,./ry will be smaller as the number of vanes n, increases. The best expe-
rience seems to be with diffusers that have only a few more vanes than the number of
impeller blades n, (n, rarely exceeds 7 in traditional commercial pumps). For pumps of
higher energy levels (or high head per stage, as discugsed further on in connection with
high-energy pumps), it iz important that n, be chosen so as to avoid a difference of 0 or 1
between 1, and n, or their multiples—up to at least the third multiple or “order” of each.
A difference of 2 should also be avoided for at least the lower orders®.

At off-design flow-coefficients (or off-design flow rate at a constant speed), the angle o
of the absolute velocity vector V (Figure 15) approaching the diffuser will vary; yet, for typ-
ical stages, a wide range of flow coefficient is possible without damaging instabilities, even
at high energy levels. This is likely the case hecause o is rather small at the design point
or BEP (except for designs having high specific speed), so variations of the angle that occur
with flow changes are within the unstalied performance range of the diffuser vane system.

¢) Return passages. Conducting the relatively low-velocity fluid from the diffuser to the
eye of the next impeller in a multistage pump is accomplished with return vanes or pas-
sages that also deswirl the fluid wholly or partially. Except for development of stall in the
diffuser, these passages will not see a changing angle of the approaching velocity vector
because the diffuser feeding them is also a stationary element. In radial-flow pumps, there
is a sharp turn in the meridional plane in order to redirect the fluid radially inward, The
fluid, still possessing a circumferential component of velocity that i1s greater than the
meridional component, actually sees a much gentler turn. However, downstream of this
point, a sharp turn of the blades is invariably a feature of a return passage; and this,
together with the need to ensure undistorted flow into the following impeller, often dic-
tates that the vane system accelerate the fluid as it approaches the eye. Although losses
in the return passages—being related to the low velocity within them —have a minor effect
on the overall stage efficiency, the design of such passages must ensure unstalled flow into
the impeller in order to avoid the negative impact of a distorted inlet flow on the efficiency
and to promote pulsation-free operation of the impeller.

A variety of return-passage geometries exist, some of which are presented in the
literature **, The continuous-vane type is integral with the upstream diffuser, thereby elim-
inating the entry losses into yet another vane system after the diffuser®®, Improvements in
manufacturing technology have made this potentially more efficient approach more viable for
radial machinery. The continuous-vane concept is standard practice in the design of mixed-
flow “bowl"-type pumps*. The diffusing stator vane row that receives the fluid from the
impeller of an axial-flow pump—being an axial-flow element itself—possesses the retum fea-
ture already. Diffusion in axial-flow stators is typically accomplished by a reduction in veloe-
ity of about 30 to 40%. The actual value is governed by an acceptable level of the diffusion
factor, Eq. 57. (A similar reduction in relative velocity is needed for an axial-flow impeller to
generate static pressure, as can be seen from Eq. 21. By comparison, centrifugal impellers, an
the rms streamline, usually have W, about equal to W,—as seen in Figure 17.)

Axial-Flow Pumps The preceding development, though general, is applicable mainly to
centrifugal and mixed-flow pumps. In that procedure, the impellers have appreciable solid-
ity, and original blade shapes are constructed from the viewpoint of one- or two-dimensional
channel flow, The collectors are often volutes or non-axial-flow vane systems. Performance
is not known a priori and so must be estimated, as outlined further on. On the other hand,
the extensive two-dimensional, experimental, axial-flow cascade data amassed by NACA
researchers® and others enables the designer to adopt existing airfoil blade shapes and so
predict the performance with greater confidence. The procedure for utilizing these shapes
and the corresponding experimental resultg has long been the basis for designing axial-
flow compressors for gas-turbine engines and is clearly described by Hill and Peterson™.
This approach is widely used, especially for high-specific-speed, low-solidity axial-flow pro-
peller pumps—in designing both rotating and stationary blade rows. Insights for propeller
pump design and performance characteristics can be found in Stepanoff.”

An exception to this axial-flow pump design approach is the case of inducers. Although
they are axial-flow pumps, they have high solidity and are usually designed as channel-
flow machines. The design philosophy outlined in the preceding paragraphs is applicable,
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except that the blades usually approximate constant- or variable-pitch helices, Perfor-
mance prediction is generally accomplished via one-dimensional caleulations and the cor-
relations described in the following paragraphs and, increasingly, via CFD analysis.

PREDICTING THE PERFORMANCE CURVES

The choices made in the foregoing design procedures can and should be verified analyti-
cally, the objectives being first to generate the performance characteristic curves for head
and power at constant speed and second to ensure stable behavior of the various systems
in which the pump is to be applied. For the first objective, the solution involves analytical
or empirical approaches: a) at non-recirculating flow conditions; that is, from flow rates
somewhat below Qpgp out to the maximum “runout” flow rate, b) at shut-off (§ = 0) and
low flow, or c¢) the tomplete set of curves for a given pump predicted by means of
computational fluid dynamics (CFD).

Generating Performance Curves The fluid dynamical limitation on the deceleration
of the relative velocity W determines the shape of the head-versus-flow curves. This is
inherent in the choice made for the head coefficient ¢ in Figure 12, which sizes the
impeller and is illustrated in Figure 22. The typical situation of zero (or nearly so) inlet
whirl V| = 0 means that the ideal head coefficient 1, equals the most significant ratio of
the outlet velocity diagram because from Eqs. 15 and 31 (with V,, = 0):

& (Vy,0/Ua)
lf’{ﬂgnl —- —ﬁj“@_—_ﬂ- {63,’
Voo
'1{" = Nay '.I"iduﬂ = N&y E;::; {64}

Figure 22 illustrates how specific speed (), affects the BEP value of &, and therefore .
Overall, only a small reduction of W occurs in most impellers, So, at low (1., the low value
of W, associated with the small eye relative to the maximum diameter (Figure 9) enables
the outlet velocity diagram (Figure 22a) to have a high value of V, /U;. On the other hand,
this ratio drops as (), increases and the eve grows to be as large as the maximum diame-
ter of the wheel. Figure 22b is the result because the value of ¢ at shut-off (about }) is not
based on the one-dimensional concept of velority diagrams but primarily on the pressure
generated by solid body rotation of stalled (though recirculating) fluid contained within
the impeller. The BEP values of ¢ in Figure 22b are consistent with Figure 12 and illus-
trate why a high-specific-epeed impeller has such a substantial “rise to shut-off” of the
head curve. This is dramatically illustrated in Figures 8-10 of Section 2.1.3 in which the
head curves are normalized to that of the BEP,

a) Non-recirculating flows, The BEP efficiency and head can be determined from corre-
lations for typical pumps or from computation of the losses. Fluid dynamic procedures
described in this section can be used to determine the shapes of the head and power curves
at all flow rates to runout, using the BEP as an anchor point for such computations. For
pumps designed conventionally, beginning with Figure 12, Anderson's overall (BEP) effi-
cieney correlation (Eq. 44) as modified in Figure 10 is useful. Other similar charts, espe-
cially Figure 6 in Section 2.1.3, are in widespread use. The breakdown of the losses
involved, as expressed by Egs. 8-11, is quantified through the development of the three
component efficiencies 1y, 7,,, and %, in Table 3. All three decrease with decreasing spe-
cific speed—as might be expected from the charts just mentioned.

This can be seen in the n;n-expression (a) of Table 3 because i, is greater at low (), as
discussed relative to Figure 22. Jekat's ny-expression (b) of the table works surprisingly
well, largely because of the flow effect in Figure 10 (explained there as the “size effect” of
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larger relative roughness and clearances in smaller pumps) and because low (), tends to
go hand-in-hand with low flow rate @,

To compute 7y at @ # Qugp (and, if required, at @ = Qugp as well), it is necessary to
go deeper into the prediction of 1y by developing expressions for the losses noted in Eq.
21, which are basically expansions of the expression for the collector loss coefficient £,%
and for the impeller loss expression (¢) of Table 3%, In this expression, the incidence loss
coefficient & can be obtained from cascade data or developed as a combination of a turning
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and a sudden expansion loss®®*". The “pipe-type friction facter” f can be increased to
include secondary flow and diffusion losses due to blade loading (or turning® of the
absolute velocity vector V), The resulting f~value can thus be twice the usual pipe value
associated with the skin friction losses in the passage. (The pipe value of £ is found
from the well-known pipe friction chart—Figure 31 in Section 11.1—by substituting a

TABLE 3 Component efficiency expressions developed

A) Hydraulic Effigiency

Breaking up the main flow losses into impeller (including inlet)
- Vz
and collector Josses ZL; =Limp+Lc anddefining L. =& —22~ . where

is the collector loss coefficient or fraction of V2/2 not converted into static pressire rise in the
collector, we have (Eq, 10)

sjneblyo oy Ve o &ViE
WY =R OY) . AUVe) A(UVy)
li C[m"’ dia”

L2 2w

or, for no inlet whirl (Vg =0) w, =v,2 11231

ngy = M-~

/ 4 R
— Wiz —)-I Vo
ller hydrauli ZCDIIG:-IO loss: P L.
mc?}' 1C T los Valthy ia T,
y /2 predominates)
(1'|:| Ll 090-095} (qu ,.03__&3} - 1

Practical experience (roughness £ constant for all sizes) vields the formula by W K. Jekat:
0,25
Ny ‘”‘U'ﬂf[a {E-Pm)] (b)

or - mI~DD?J/[ (m/s }w

at all specific speeds,

However a deeper analysis freats losses  Limp as follows:

Pisce
e 2 2 By

where Dy = passage hydraulic diameter,
£ = passage length
f = pipe-type friction factor
k = incidence loss coefficient

W2 = the average square of the relative velocity within the passage along the rms
or mean mendional streamling
W, =relative velocity just upstream of the impeller blades on the rms streamline
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TABLE 3 Component efficiency expressions developed (Continued)

B) Mechanical Efficiency

From Eqg. 9,
Bearing &
Seals
— o —
Ps—(Ppr+P PoF +P
iy 2 { ; B&S) _ 4 _ DF;B&S (d)
s 5
s
PDF='2lpnsl'25 I:CJ
Di ich
3 0.2 "
i ' Cire s Typically C, = 0.004
Where (for rwa sides of disk) C.p, = 0,085 (at R =43 108) (f)
T
RE:
Shafi Power
B2 pgaH W Qsp o’ "1,!5
a =
Mg Tp i
2.5/
[P LT
ﬂl‘ 1,'2 np

Combining the usually smaller Ppes with Pps ,  Eq. (d) {with e, f and g ) becomes

__{Cmflz} *Mp

fim = aZ g ()
C) Nolumetric Efficiency
From Eg, 11,

. 3l 1 :
Ty Q+QL 2 ti)

5]

1435 R 2’2
5w

The clearance ratio &/rg 15 typically 0,001 to 0.002

[Leakage back to impeller inlet across two rings (front and back) essentially doubles the
leakage loss, changing the value 5 in Equation () to 10.]

representative average passage hydraulic diameter D, = 44,/ p for the pipe diameterd.)
A further increase in this f-value occurs if the impeller is missing one or both rotating
shrouds; that is, it is a semi- or fully-open impeller with blade tip leakage losses appear-
ing in the main flow stream®, Multiphase flows in pumps often are accompanied by
greater than normal hydraulic losses: for example, inereasing the concentration of solids
in the earrier liquid flowing through a slurry pump increases the fvalue still further®
(see Section 4.2),
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Quasi three-dimensional (Q31D) analysis* affords an assessment of the secondary flow
and diffusion losses and gives results similar to inviscid three-dimensional (3D) flow
analysis, Q3D analysis starts by solving the 2D meridional (hub-to-shroud) flow field. This
is followed by a series of 2D blade-to-blade inviscid solutions* or approximations thereto®,
each on a surface of revolution generated by one of the meridional streamlines of the hub-
to-shroud 2D solution and producing results like that of Figure 17, From this, one com-
putes the diffusion factors (Egs. 57-59) and decides whether the diffusion losses are
significant—in which case a redesign is in order.

CFD Analysis finally enables one to make an accurate and complete hydraulic perfor-
mance evaluation of the impeller and accompanying stationary flow elements. This can be
done at all flow rates and NPSH-conditions for any fluid via a corresponding series of fully
viscous, single- or multi-phase solutions of the Reynolds-averaged Navier-Stokes equa-
tions (as described in Section 2.1.2).

Mechanical efficiency 1,,, as stated earlier, is largely the result of impeller disk frie-
tion. If the drag of bearings and seals is added, as in Eq, (d) of Table 3, the moment coef-
ficient C,, in the disk frietion formula (e) can be increased over known disk friction
values®®* to include these effects. (On the other hand, the drag power loss of shaft seals,
though usually quite small, is generally directly proportional to speed. Such losses can
therefore be significant in small pumps running at lower-than-normal speeds.) The C, -
expression given in Formula (f) reflects this adjustment and includes the drag on both
sides of a smooth impeller at the usually high values of Reynolds number R, for low-
viscosity liquids and for a typical clearance ratio 8/a = 0.05, where g is the disk radius.
This works well for most impellers: The drag at the ring fits roughly compensates for the
fact that the impeller eye has been cut out of the disk, and so on. (There is very little influ-
ence on C, of the gap width s between impeller shroud and casing wall, C,, being propor-
tional to (s/a)"! in general * For very small s/a, C,, instead grows as s/a decreases. See
Refs. 43 and 44 for formulas that apply to the entire range of Revnolds number R, and
clearance ratio s/a.)

The value of C,, can be even larger for semi- or fully-open impellers, if the neighbor-
ing fluid is rotating faster relative to the wall—as is the case with radial-bladed open
impellers. The fluid between a shrouded impeller and adjacent wall, on the other hand,
rotates at half speed*. (In cases where the impeller surface and adjacent wall are both
rough, C,, is larger than just discussed*.) Finally, notice in Eq. (h) that very low specific
speed (), produces a dramatically low value of 1,,. This drives ¢ to the larger values of
Figure 12 at low Q,—also dictated by the W-deceleration considerations per Figure 22.
Overall there is a benefit, despite possibly lower nyy [Eq. (a)] due to the consequently
greater |, and collector loss,

Volumetric efficiency n, applies to leakage across impeller shroud rings or “neck rings”
and balancing drums. Eq. (j) in Table 3 is an approximation for the leakage across a typlcal
ring of a closed-impeller pump, assuming orifice-type flow at a discharge coefficient of }
Results can vary from this approximation of the more exact method reported hy
Stepanoff.” Referring to Figure 2, leakage @, occurs at r = ry, (g being approximately 1.2
times r.) under a pressure difference across the ring of about § that of the pump stage. If
the shroud is removed and the open blades are fitted closely to the adjacent wall, as with
open impellers, the consequent leakage from one impeller passage to the next across the
blade tips does not affect 7, and Eq. (j) should be modified accordingly. Rather, the tip leak-
age causes a hydraulic efficiency loss ag previously discussed, Finally, as with n,., Eq. {j)
indicates that low-{}, pumps have low 1,.

At flow rates @ other than @ggp, the analytical methods described previously for com-
puting the hydraulic efficiency are utilized, together with computation of the inlet and
outlet velocity diagrams, which yield the ideal head and power curves as illustrated in
Figure 6. In this procedure, the slip velocity V, (Figure 15) applies to the BEP and, at other
flow rates, the exit relative flow angle 3, can be assumed constant, This accords with the
fact that V, for the narrower active jet at low flow rates must be smaller. A blockage model
for the thickening wakes and narrower active jets that develop as @ is decreased can be
introduced to compute the one-dimensional velocity diagrams, but ignoring this at non-
recirculating flow rates appears not to be serious in determining the shapes of the head
and power curves,
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b Shut-off and low floe. The foregoing analyses apply over that portion of the flow rate
range that does not involve recirculation, as illustrated in Figure 8. The complexity of
recirculation had not been readily handled analytically prior to the use of CFD, and this
has forced pump designers to estimate the low-flow end of the H-@ curve with the help of
empirical correlations. Insightful fluid dynamical reasoning about the physics of the flow
led to useful expressions for the head developed and the power consumed at shut-off. Shut-
off, then, in addition to the BEF, becomes the other anchor point of the head and power
curves; and this—together with the shapes established for thege curves at the higher flow
rates—gives the analyst an idea of the intervening shapes.

Shut-off head H,;, can be viewed as the sum of twa effects oceurring at @ = 0, each
being represented by a term in this equation:

_ krmp = lulfg,ﬂ - Uﬁl) J&ﬂ b Ulg

H.. + (65)
' 2g 2
or
Ry
i 76 (_Ir?ﬂ g7 i
” g __Tes e
w»-"n = 2 9 {65.’

where the first term is the centrifugal effect of essentially solid body rotation of the fluid
confined within the impeller; and the second term is the pitot effect of the recirculating
fluid from the impeller that impinges against the volute or diffuser throats which in turn
are connected through stagnant fluid ta the exit port of the pump, While the factors &,
and k,, associated with these effects vary with the hydraulic configuration, the values
involved can be estimated as follows: k., = 1, as the radial equation of motion® would indi-
cate for fluid rotating at ()r everywhere within the blades, i.e, for r,; <r <r., (Figure 8).
Thus, as indicated by Eqs. 65 and 66, increasing the minimum radius of the blades at inlet
141 tends to reduce the shut-off head. However, the presence or absence of fluid swirl in the
region upstream of the impeller blades at shut-off has been found experimentally to affect
the value of &, in surprising ways—sometimes increasing it above unity in such a way as
to minimize the effect on shut-off head of any non-zero value of r;,. The value of k.,
depends on (ry — rylfry, or “Gap B" and other features of the impeller exit and collector
geometry. It iz usually in the range 0.2 = 0.1, any change in the geometry that increases
the shut-off power coefficient (see below) raising &, by driving more recirculating flow
from the impeller against the volute or diffuser throats, Thus the shut-off head coefficient
U, (Eg. 86) for typical radial-flow pumps generally exceeds §, the value of 0.585 being
advanced by Stepancff®. Estimates for «,,, are also indicated in Figure 22b.

Shut-off power consumption P, includes disk, bearing, and seal drag power P, and
that which drives the recirculation P,_.. The latter is generally dominant by far. From
similarity arguments (Eq. 33), the shut-off pawer coefficient

- P Ao

Wo = T0s (67)
is & constant for a given pump geometry. Mockridge, in a discusgion attached to an ASME
paper by Stepanoff, reasoned that a wider impeller (larger b, at the same diameter D,)
would recirculate more fluid at shut-off and therefore have a higher value of this coeffi-
cient, His correlation is shown in Figure 23 and is probably the most significant quanti-
tative result available for predicting the performance of centrifugal pumps at shut-off
conditions short of implementing & full CFD solution of the impeller and accompanying
stationary flow elements®,

The design task therefore resolves itself into an iteration between an efficient geometry-
generating scheme and a rapid CFD flow and performance analysis of the geometry
resulting from each iteration*®, This iz especially useful if a nontraditional geometry is
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involved, or if an efficient design is sought that will produce a desired performance carve
shape. Nevertheless, many turbomachinery designers can make more rapid and valid
judgments about their respective classes of machines through the time-honored iteration
between a proprietary direct or inverse design and a convenient inviscid performance pre-
diction scheme.’** “Inverse” means that the blade shape emerges from an initial specifi-
cation of certain desired fluid velocity component distributions.!” This concept has been
expanded through more formal geometry optimization employing neural networks.*” Thus,
designers have developed reliahle diffusion criteria (computed, for example, from Eqs. 59a
and 59b) for interpreting the acceptability of the free-stream relative velocity distributions
W, and W, on the blade surfaces (Figure 17) produced by the Q3D blade-to-blade solutions®™,
Because CFD codes splve the actual viscous flow field, the boundary condition on the blade
surface is zero relative velocity. This can be at least partly overcome by displaying the
CFD-distributions of pressures on the blade surfaces, the interpretation of which would
require knowledge of the corresponding criteria for these pressures®. Also, the velocities
at the edge of the boundary layer could be extracted from the CFD solution and displayed
in familiar terms. A useful design approach for the present may therefore be to a) produce
the final design by the more traditional methods and b) predict the performance curves
via CFD*,

Predicting Axial Thrust The prediction of pump performance is not truly complete
without the corresponding prediction of the hydrodynamic axial and radial thrust that the
impeller(s) can be expected to encounter. A comprehensive treatment of radial thrust
appears in Section 2.1.3, and a review of axial thrust and thrust balancing devices is cov-
ered in Section 2.2.1. However, obscure flow phenomena can profoundly affect the radial

LIBERTY EXHIBIT 1017, Page 77



252 CHAPTER 2

distributions of pressure on the autside surfaces of a shrouded impeller that give rise
to the net axial thrust. These phenomena become even more complex when discharge
recirculation occurs and can cause adverse mechanical response in high-energy pumps,
as will be explained further on. As a basis for tackling such problems, the fundamentals
of axial thrust are presented in Table 4 for shrouded centrifugal impellers that have
leaking fluid flowing in the gaps between the impeller shrouds and the adjacent casing
walls. The positive direction of the thrust T is taken toward the suction or eye of the sin-
gle-suction impeller shown. The incoming axial momentum p@V,, is generally quite
small for radial impellers and has been omitted from the Table. It serves, however, to
reduce T

The centrifugal effect of the fluid spinning in the sidewall gaps causes a reduction
in static pressure from the outer periphery (OD) of the impeller to the sealing ring, and
this is quantified in the expressions given for the swirl velocity component V,. These

TABLE 4 Leakage effects on axial thrusts

Thrust = (Tg = Tp) nggs — T

where T = I:”m 2nrpdr
mimn
4
v -
B - jz E -.’B‘-.SE'E_-. dr
g T

and p and Vg o, are determined as follows in the
absence of vanes in the gap:
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A) For zero leakage flow, fluid outside impeller rotates at

half speed:i.e., at %5: namely. V,:,'gap =_f_1:_r_ . &0 that
o "'rll,{;lz PQJ o nl (rﬂa -rl-J]
Fa =Pr < Lp T ares 4 err iy 8

or

Be—P; =

o [
o,
L8]
o,
+a
Foe= W
!
F
n"l.:'
b —
P
| = = |

Noie: This is 1/4 of what (p,-p;) would be if

full wheel speed -as on the front
Vo gap =21 (side of a semi-open impeller J

z
then, one gets (p, - pi) = —g- Qe [! = [—%—] 1

B} For non-zero leakage
1) Inflow: Vg, gup averages to be > half speed
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TABLE 4 Leakage effects on axial thrusts (Continued)

Specifically,
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expressions are curve fits to experimental data for the leakage flowing radially inward on
gither or both sides of the impeller®™ and for outflowing leakage as occurs on the back side
(away from the “front” or suction side) of multistage pump impellers due to the higher
pressure arising from the diffusing system downstream of each impeller®. In the absence
of leakage, the fluid in the sidewall gap rotates at about half the local impeller wheel
speed; that is, V, = (}r/2, and this half speed is typical of the gap flow near the impeller OD,
even in the presence of leakage. The greater the inflow leakage, the lower the pressure
becomes at the entrance to the ring clearance. The major effect is that of swirl or the tan-
gential component of velocity V,, which varies inversely with radius; although casing wall
drag tends to slow it toward half speed. More leakage flow is less influenced by this drag
and so experiences a greater centrifugal effect, This in turn means more pressure drop
from OD to ring. (The leakage rate, of course, is affected, the solutions for both leakage and
pressure distribution being linked and usually requining iteration.) The opposite effect
happens for outflow on the back side of multistage pump impellers. Here the fluid enters
the sidewall gap at a small radius (see Section 2.2.1) and =0 with negligible swirl. It flows
outward without picking up much swirl, especially if there is substantial radial outflow
leakage, which means the centrifugal effect is small, yielding a nearly constant pressure
versus radius. The overall result is more net thrust toward suction than might be expected
from & cursory look at the pressure-loaded surfaces.

If wear ring clearances increase during the life of the pump, the net thrust of multi-
stage pump impellers increases, Likewise, unequal ring wear leads to uncertain changes
in the thrust of a “balanced” single- or double-suction impeller with inflow to wear rings
on both sides, Similarly, these theories can be applied to balancing drums and other such
devices described in Section 2.2.1.

Integration of the pressure equation in Table 4 becomes a chore unless the whole theory
is computerized. A quick estimate of the thrust is possible, however, if the distributions of
pressure in the separable domains of the surfaces are assumed to be linear; in that case,
the integration is simple and yields the closed-form results of Table 5. This table also
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TABLE 5 Approximate axial thrust calculation
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indicates how to account for each element of the thrust, including the axial momentum
terms, which become significant for higher-specific-speed mixed-flow impellers. In all
cases, in order to proceed with the calculation, the static pressure at the impeller OD must
be known, as it is from the boundary condition imposed at the OD that the rest of the pres-
sure distribution emerges. Even for substantial leaksge, the pressure drop of the fluid
entering the sidewall gaps from the impeller exit is small or negligible; therefore, the
impeller pressure essentially applies in the gap (at the OD) as well. The foregoing meth-
ods of predicting pump head also yield the impeller OD pressure, which is usually between
75 and 80% of the stage pressure rise above inlet.

Thrust computations can therefore be coupled with the head-curve prediction scheme
being employed for the pump, thereby yielding predicted thrust curves together with the
predictions of hydraulic performance,

Ensuring Stable Performance The ability for a pump to run smoothly with minimal
pressure-rise and flow-rate excursions is dependent on the shape of the pump head-flow
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performance curve and the characteristics of the system in which it operates. There are
two types of pump-system instability; namely, a) static mstability, which can be ascer-
tained by studying the pump and system head curves, and b) dynamic instability, which
requires more detailed knowledge of the system®. (In addition to these system-related
instabilities, there is the unsteady behavior of the separated and recirculating flows that
occur when a pump aperates at a flow rate substantially below the BEP. Called hydraulic
instability, this becomes important in higher-energy applications and is therefore
discussed later.)

a) Statie stability and instability. Figure 24 illustrates two pumping systems; namely,
a) a piping system in which the flow is turbulent and largely independent of Reynolds
number; so, the head drop AH through it iz proportional to @ and b) two reservoirs with
a constant difference AH between the two liquid surfaces and comparatively negligible
head loss in the pipes connecting them, In each case, the pump is designed to produce head
AH, as required to deliver the desired flow rate . The influence of the pump head curve
shape is immediately appreciated in Case (b): the curve "droops” as € is reduced to shut-
off, thereby producing two vastly different flow rates at the same head. In fact, however,
the pump will not operate at the lower-@ intersection point of the two curves. The pump
shut-off head is less than AH, so it will produce no positive flow rate. Instead, as discussed
in Section 2.1.3, fluid will flow backwards through the pump. Further, if circumstances
could allow operation at this lower-@ point, even a vanishingly small increase of € would
cause a further, divergent increase because the head of the pump exceeds the AH of the
system. Likewise, a small decrease leads to even lesser @ because the system AH exceeds
that of the pump. This is called “static instability.” Conversely, the higher-@ point of
Figure 24b is “statically stable,” small departures in @ being suppressed by algebraically
opposite signs of the difference between the system and pump heads. Both intersection
points of Figure 24a are seen by this type of analysis to be statically stable. If the apera-
tor increases the frictional resistance by closing up a valve in the piping system, the oper-
ating point simply moves to the left on the curve and remains stable. Thus, it is concluded
that if the slope of the pump H-versus- curve is less than that of the system, operation
will be statically stable—and vice versa.

Most pumping systems are combinations of the “pure friction” type of Figure 24a and
the “purely elevation” type of Figure 24b. In this case of static stability, the drooping pump
head curve presents no problem. Theoretically, it is possible to have a pump head curve
with a kink that could have a more positive slope than that of a system curve, which might
intersect it at such a kink. The high-{}, curve of Figure 22b depicts a kink or dip, which is
due to stalled flow within a mixed- or axial-flow impeller that is not sufficiently confined
by the impeller to be maintained in solid body rotation. (It is the centrifugal effect of such
rotation that maintains the pressure rise in radial-flow impellers despite the stalling.)
That particular pump, if applied to a system that never intersects the pump head curve at
the kink, would never experience static instability. On the other hand, the designer may
want to take on the challenge of designing a machine without such a kink. The previously
mentioned design procedure utilizing CFD in both the impeller and the diffuser to check
whether the kink is gone would be a way of tackling this problem®.

In-depth discussion of the variety of systems that can be encountered, including multi-
ple systems and parallel operation of multiple pumps, can be found in Sections 2.1.3, 11.1,
and 11 2. Purely from a static stability standpoint, most of these situations demand a sub-
stantially negative slope of the head curve throughout the range of flow rate ¢ —or what is
commonly specified as a pump with head “continuously rising to shut-off” (This “rise in
head” versus a drop in @ should not be confused with the pump developed head H, which
is also properly termed the “head rise" AH. produced by the pump at a given value of @.)

bi Dynamic instability, If the system has appreciable capacitance, operation may not be
stable if the slope of the pump head curve is positive or even zero™. This is true even
though the slape of the pump head curve is less than that of the system head curve as
required above for static stability—as with the lower-@ intersection point of Figure 24a.
Dynamic instability can be manifested as pump surge, a phenomenon wherein the flow
rate oscillates and can even be alternately positive and negative through the pump®™. This
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System curve:
Nearly closed valve setting

System curve:
Valve setting toward
open position

Pump curve

a) System with frictional resistance only

System curve
(AH = constant)

Pump curve

AH|

A A A

e 12

b) System with elevation change only
FIGURE 244 and B Pump-system stability

is characteristic of *soft” systems that contain vessels with free surfaces and, therefore,
appreciable capacitance, Two-phase flow increases the capacitance of a system and can
cause dynamic instability. For example, fluctuating vapor volume within the propellant
pump inducers ean contribute to the dynamic instability of a rocket propulsion system®.

On the other hand, a “hard” piping system with no capacitance is theoretically capable
of accommodating a pump that has a flat or drooping head curve and that operates on that
flat or drooping section of the curve. Low-specific-speed pumps can have drooping curves
(Figure 22b), especially if designed with a high head coefficient i at the BEP. Figures 5
and 7 of Section 2.1,3 depict flat and drooping curves of low-{), radial-bladed pumps, a type
that is widely used in low-cost, small sizes. If properly applied, such machines will oper-
ate with stability.

However, to avoid uncertainties, a conservative approach that guarantees both static
and dynamic stability for the widest range of applications is to design all pumps without
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flat spots or droops in the head curves, In practice, this approach requires that the pump
be designed to have at least 15 to 20% more head AH at shutoff than at BEP and, there-
fore, for constant-speed pumps, a value of the shutoff head coefficient «, , which is that
much greater than the BEP head coefficient b. Thus, it may happen that choosing i from
Figure 12 to size the impeller conflicts with this “rise-to-shutoff” design requirement, a sit-
uation more likely to occur with low-specific-speed pumps. If so, a lower value of ¢ than
that of Figure 12 would need to be chosen for the BEP.

DESIGN EXAMPLE

To illustrate the application of the preceding design information, the basic hydraulic design
requirements are presented in Table 6 for a single-stage centrifugal water pump with a
volute collector. The chosen conditions campute to a universal specific speed 2, of 1 (N, =
2733, and n, = 52.9 from Eqs. 38a and 38b). The pump is to be designed for a suction spe-
cific speed (1, of 4.5 (N,, =8 = 12,300 by Eqs. 41 and 42), therefore, a “performance-NPSH"
{see NPSH discussion in Section 2.1.3) or NPSHy, of 14 ft (4.27 m). As such, this pump is
readily applicable to taking water from an atmospheric reservoir with some suction lift.
Although acceptable for 1780 rpm specified for this pump, this suction-specific speed (2,
capability of 4.5 is regarded as high for pumps with more head (energy level) than this one
(see the energy-level discussion later),

Impeller Design

SUCTION NOZZLE Beginning upstream, an ideal, axial-flow approach passage is assumed—
this is known as an “end-suction” configuration. The suction-approach passage or suction
branch (not shown) is simply a conical nozzle that increases the velocity of the fluid from
the suction port to the impeller eye by about 50% in an axial distance of about half the
diameter of the eye. This helps to ensure the existence of uniform flow at the eye, Too short
a nozzle would mean excessive local meridional (axial in this geometry) velocity at the
impeller shroud and possible separation.

IMPELLER INLET Beginning with {1, of 4.5, computations for this example are carried out
in Table 7 for the impeller eye geometry. The choice of the NPSH,, correlation of Table 1

TABLE 6 Given conditions for design example (single stage, end-suction volute
pump)

Speed = 1780 RPM

Flow Rate = 2500 gpm (0.1577 m’/s)

Head =104 fi. (31.7m)  Fluid; Water {f}’ g :

Specific Speed Qg =1:Ng= w =273ng = Mﬁ%jl =529
(104) (317)

Suction Specific Speed £2:=4.5 (S=12,300)

1780

443
530_0} (2500)%° = 14 ft. (4.27 m)

e ={
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TABLE 7 [mpeller inlet (design example)

(from Eq, 50)

For © = (1.69 + 0.102)$ %+ 0102
§ =029 =eye flow coefficient

Eye dia/2 = eye radius:
5 2500gpm /449 —E
fo & l : T R /sec (from Eq. 49)
r i 8 i A
vﬂﬂ%[]——sf} mxlTB{stech.Eg
T
Va=113 W=62.11(18.9)
[Is =0 {nu'sha-ﬂ in Ej’e_}] ‘ {5.3)
re = 0.3201 fi. (0.0976 m) <kl 6.2°= Py
re = 3.84 in, (97.6 mm) = >
Ug=359.6 ft/sec. (18.2 m/s)
=0r,

(See Fig. 25) Ry =-S—2=192 in. (48.8 mm)

Other dimensional data shown on Fig. 25,

i= used, with &, = 1.69 and k, = 0.102. The local maximum velocity at the eye Vm{ =Vaian)
is assumed to be 25% greater than the one-dimensional average V, = @/A, This is typi-
cal of this end-suction configuration, Moreover, the value of &, should be more than ade-
guate for this value of V, ;.

The (1, and ¢, relauunshlps yield the eye flow coefficient ¢,, which in turn sizes the
eye. Had the NPSH been significantly greater than the 14 ft specified in Table 8, these
relationships would have produced a value of &, that is larger than 0.3, which in the dis-
cussion following Eq. 50 was said to be the upper limit of normal design practice. In that
event, ¢, would have been chosen independently of (),,, and the eye radius r, found imme-
diately from Eq. 49. In this case, &, = 0,29 implies a r-value of 0.253, which is typical. How-
ever, lower ¢,- and r-values are common, especially for the case of a shaft through the eye,
because this tends to maintain the level of {1,, in the face of the r,-effect in Eq. 50. The nom-
inal velocity diagram at the eye—substantially the shroud-end or tip of the blade leading
edge—shows V, rather than V,,, for the meridional component of velocity and so is not the
actual velocity diagram at that location. Rather, this triangle serves to identify the geom-
etry through the basic ratio ¢, = V,/ U, —without having to deal with the uncertain choice
of V. ../ V.. Moreover, ¢, is the tangent of the tip relative flow angle B, as it would be for a
uniform axial velocity profile in the eye.

With the eye radius r, established, the local shroud radius of curvature R, follows
from the guidelines associated with Figure 13. The geometry established so far is illus-
trated in Figure 25. Before the full picture shown there can be established, the outlet
must be sized.
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N=1780 rpm
Q = 2500 gpm (0.1577 m'/s)

AH = 104 f.(31.7 mm) ?.3*«-“— Q.=1 (N,=2733)

0, = 4.5 (5 = 12300) i
NPSHg = 14 ft. (4.27 m) 1.59 in—
y (40.4 mm)

Ry, =Te/2 |

rz'-""ﬁ in,
\ (152.4 mm)

& \ i

| 92 R
f'., =3- 6 iﬂ 399 E
3.84 in."Fh. 8.0) (3%5)
| S15m® (97.5) :
| ;
(130.8) e
384 inn=r¢[ 2.85m =b _—
(97.5 mt) T (72.4 mm)
| r1,h=2*15 in
Tp.e 272 in %=l (546)
‘ (69.1) I
st - = 3 s ol
Fluid; Water

Specific gravity = 1;
v = | centistoke
FIGURE 26 Impeller hub and shroud profiles (design example)

IMPELLER OUTLET The computations in Table 8 for the impeller exit begin with the choice
of the typical value of 22; degrees for the outlet blade angle 3,,. This enables the head
coefficient & to be chosen under the guidance of the upper curve in Figure 12, The value
0.385 is selected, and this yields the impeller diameter of 12 in. (304.8 mm), The other
curve in Figure 12 is for outlet flow coefficient ¢, ;. which conveniently equalz 0.1715 for
01, = 1. This leads to the exit width &, after adding in the leakage and the blockage of
blades and boundary layers per the computations of Tables 9 and 10,

However, Anderson’ points out that what matters for centrifugal pump performance is
neither the blade angle nor the exit width individually, but the impeller outlet relative
area 2mryb; sin B,,. Choosing a higher blade angle is possible if b, is correspondingly
reduced (and ¢, , increased) so 8s to maintain this area and therefore the relative velocity
W. Figure 15 shows that Vi, is thereby essentially unchanged; this in turn preserves the
impeller head.

EFFICIENCIES Anderson’s overall pump efficiency correlation (Figure 10 and Eq. 44) and
the component efficiency expressions of Table 3 lead to the results of Table 9. These give
an indication of the relative magnitudes of the losses and are as follows:

Overall efficiency n, = 0.8550
Mechanical efficiency n,, = 0.9814
Volumetrie efficiency 7, = 0,9833 (leakage across front and back rings)

Hydraulic efficiency 7,y = 0.8860
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TABLE 8 TImpeller outlet (design example)

From Figure 12

v
Boa=224°—> b3 = —-J" = 0.1715 (=4,)
2

Sy =E°"f{ = 0.385

U,

6
U, = Qr,) = & x 1780 x — = 932 B (284 m/
(U r3) 30 "‘ * 1 s:c.{z m 5)
g ifﬁi - 12 - 32174 % 104
~ x (1780)" % 0385
30

=6in (152.4 mm) [12 in. (304.8 mm) dia.)
Width: b, 1 A;' = n Dyb,'
by = by' + 26 ,* + Leakage Effect

Solye after obtaining volumetric efficiency and getting approximate passage length (1o
compute 8*)

Ny i8 at this point simply deduced from the others, beginning with Anderson's corre-
lation. Although it is confirmed by Jekat's correlation in the table, it can be found in a
detailed computation of the hydraulic losses via one-dimensional methods, This will be
carried out further on to obtain the performance characteristic curves. Meanwhile, this ini-
tial computation enables the determination of V,; at the end of Table 9, which, along with
V.2 from Table 8, is a major element of the outlet velocity diagram of Figure 26.

BLOCKAGE AND WIDTH AT IMPELLER EXIT With the leakage and exit blade angle information,
Table 10 contains the computations of the blockage and the exit width b;. This entails the
choice of the number of blades, the blade thickness ¢ (2% of the impeller diameter and typ-
ically assumed to exist at the exit and elsewhere on the blades except near the leading
edges where typically half that value is chosen), and the approximate blade length ¢
(assuming the mean-streamline blade angle to be constant at 22} degrees), The boundary
layer blockage is computed from the following approximations:

* Adverse pressure gradients on the blades lead to a boundary layer displacement thick-
ness & of twice the zero-pressure gradient value §," on each blade surface.

e Secondary flows scrub the boundary layers from the hub and shroud surfaces; so, 8" is
assumed to be egual to 8, on those surfaces,

o §," = 0.0462 {25 24/ WP for flat-plate. turbulent flow®, and is approximated in this
example for low viscosity by a linear growth with length along the blade,

The resulting thickness of the boundary blockage is 0.0732 in (1.86 mm) on the blades,
which themselves have a thickness of 0.24 in (8.1 mm). Because these thicknesses are
inclined at the 22j-degrees outlet angle, the actual circumferential blockage is (1 — g,,) =
(1 — 0.870) or 18% of 27r,. In particular, (0,24 + 0.0732)/sin (22} degrees) = 0.82 in or
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TABLE 8 Component sfficiencies (design example)

-0.21333 P4
Efficiency: T, = 0.940. 03955[?733’] ~029 [lagm (i%]] = 08550
(Eq. 44)

_ 0,002 % 08550

Mech, Eff'y: 1, =1
2 2 x (0385)"*

= 09814 [Py = 143 hp.(1.07 kW)]

(from Table 3)
Volumetric |
Efficiency: n, = = 09833
(GomTable3) a5 00016 (384/8)"
12 % 0385
Hydraulic
Eﬂ‘iciencyj Mgy = qp = ggz:g = 0886 ¥5.
[Eq. ] T Mm ?
(Jekat's formula in Table 3):
08
”H‘L" = |l-— = 'DBB?
(2500)°%
32174 %104
= = 405 fi/sec.
= V82 =535 0886 fhes
405
=2 = (435
Yi=932

(6.1 + 1.BB)/sin(22; degrees) = 20.8 mm per blade, which for all six blades is 0.130 times
the circumference of 37.7 in (958 mm). The width &, is computed to maintain V, ; at the
chosen value of 0.1715 x Uj, while accommodating this blockage and that of the sidewall
boundary layers. Altogether, it can be computed from these data that 85% of the merid-
ional exit area 2mr,b, is estimated to remain open for the one-dimensional flow of (@ + @;)
at velocity V., ,, the boundary layers causing # of the blockage. This is quite typical. An
openness of 80% is possible for larger impellers,

HUB-SHROUD PROFILES It is now possible, through the guidelines outlined in the diseussion
of Figure 13, to finish plotting the hub and shroud profiles in Figure 25, which are also
seen in Figure 26¢. At this point, the envelope of the leading edges of the blades is approx-
imated by a eircular arc—later modified somewhat in the construction of the blades. The
arithmetic average radius of the meridional passage at the leading edges is found with the
circle of diameter 2.85 in (72.4 mm) to be 2,72 in (69.1 mm). The resulting line passing
through the center of the circle is normal to both hub and shroud and is approximated by
the dashed straight-line leading-edge quasi-normal shown in the Figure 26c.

INLET VELOCITY DIAGRAMS The rms radial point on this quasi-normal line of Figure 26c
crosges the leading edges of the blades at ry ... =7 . = 2.911n (73.9 mm) and is slightly
larger than the arithmetic average radius of 2.72 in (68,1 mm), It is this latter radius that
must be used in computing the one-dimensional meridional velocity, Once obtained. it is
applicable to the rms location (the location of the "mean” or “rms” inlet velocity diagram).
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TABLE 10 Impeller blade blockage and width at exit (design example)

\ B 35in. 7
Eiladfr np: AsSSINE = 6 = d.m/‘smﬂ = ;ﬁ!ﬁ;_“ = 915 m.{l]l.d l'ﬂ-ITIJ
(Eq. 56)
Check Solidity ;
B x 918
Biade } 1= 004y =004 in (6lous) | mxI2 LR
thickness P AW (Eq, 53))
Ezp (blades only] = 7 B,* =0002 x £ = 0002 % 915 in.(232.4 mm)
6(0.0732 + 0.240) 28=48,* = 00732 n.(L.86 mm) on blades
'ﬂ“zxsmn%a = 0870 20=28,% = 00366 in.(0.93 mm) on hub and shroud

l gpm & fi/sec 1o inches

i
2500 x 0320809840
01715 = 932 = 0870 x wx 2 =6

Vinz €2,b

ba = 00366 +

= 159in.(40.4 mm)

Since '
by = 26,% + 2 ¥
ij X B34 xnxlxrz

. Inlet

Trailing
£

ry =6in (1524 mm)
i

Vi Vs, Vminf 208 W-*:l o
mean

L= 234 {102]

1) . = 386 (98.0)

|
: Eve F‘F Vs e =291 (73.9)
U mean =432 (123} plane = 215 (54.6)
ezl = e

— U , =386 f/sec (182m/s) Guasi- al o How

. Meridional view

v RS Vyl= 015w i)
——Vip=tts_Lits 386{115)
Vg = L&M“J] >
f= D.l?tSHU:] wi_l =418(12.7)
X
*35 y%
g W
Mt = 218°

e
[. Vs =932 fifsec (284 ms) Pag w2

FIGURE 28A through C  Impeller velocity disgrams for design example: a) inlet; b) outlet; o) meridional view
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This diagram is one of three triangles shown for the inlet in Figure 26a, the other twao
being located at the hub and shroud locations of the blade leading edges. Notice that V, |
for the rms triangle is 16.3 f/sec (5.0 m/s), which is slightly less than the eye velocity V,
of 17.3 (5.3). Allowing for blade blackage, this would bring the blocked meridional velocity
V,. within the blading closer to V,, the objective being to keep V|, constant in the inlet
region and turn into the radial direction, The other triangles correspond to the radial loca-
tions of the blade at hub and shroud, as illustrated in Figures 26ec and 27, and assume
that V_ ,, = 1.26 times V,,, and V,;;, = 0.75 V,, ;. A full @3D or CFD solution would
determine these velocities more accurately; however, the design usually proceeds in this
way—largely because the hub blade angle is usually a good deal larger than hub flow
angle. Efforts to match the hub flow angle more closely entail special blading that is ben-
eficial for high-energy pumps but has little effect otherwise. The blade angle at the shroud
is slightly lower than the flow angle (by about 1 degree), This slightly negative incidence
(to the mean camber line of the blade) is actually ideal for efficient flow and minimum
cavitation, The largest values of U and W exist at the shroud, as can be seen for the shroud
inlet triangle, making it important to have the best match at that point. Two or three
degrees of positive incidence is quite common at the mean or rms radial location and
allows for blockage by the blades that does not increase the relative velocity W as the fluid
enters the impeller, (Actually a drop upon entrance to the blading in this mean W of 10%
or more is often found in radial-flow impellers, Such blading tends to minimize the sum
of impeller incidence and passage friction losses at the BEP flow rate and enables lower
NPSH-capability at flow rates above BEP.)

OUTLET VELOCITY DIAGRAM The outlet velocity components having been found in Tables §
and 9, the slip velocity V, must still be found in order to obtain the complete outlet veloc-
ity diagram shown in Figure 26b, This slip 1s computed by Pfleiderer’s method (Table 2),
which utilizes the »(m) shape of the mean meridional streamline illustrated in Figure 27,
V, emerging as 15% of U,. The “a” factor for influence of the collector geometry was taken
in the middle of the range for volutes at 0.75; (see Table 2), Wiesner’s Eq. 52 yields 17.65%.
This would mean 8% less V,, and head, However, this discrepancy is not unexpected, and
in view of the earlier discussions on slip, the Pfleiderer result is chosen as more realistic.

Nevertheless, uncertainty in the slip is the Achilles heel of the one-dimensional analy-
sis method. For this reason, most analysts “calibrate” their codes by deducing the slip from
test results and applying it to impellers of similar geometry. For Pfleiderer’s method, this
would be done by ealibrating the “a” factor. CFD solutions are now the best approach to
overcoming this difficulty.

As has been emphasized heretofore, this outlet velocity diagram contains the basic
information about the performance and design of the pump. It supplies the boundary con-
ditions for the volute design, but first the impeller blading that must produce it will be
established and evaluated.

IMPELLER BLADING As indicated in Figure 26, the blade an%ies at both inlet and outlet
have been chosen at hub, mean, and shroud (with the same 22; degrees all across the trail-
ing edge being assumed, although some would specify a little variation). Fitting a rea-
sonable blade shape between these end conditions can be done in the conformal plane
(illustrated in Figure 19). These shapes, when transformed as described earlier, yield the
hub, mean, and shroud blade shapes identified in the polar view of Figure 28. In actual-
ity, the inverse “point-by-point” method was used, specifying W, as indicated in Figure 29
and, at each of the 21 stations along the mean line of Figure 5?. developing the velocity
diagrams in the manner employed to arrive at Figure 26b; obtaining 3, at each station;
and developing the mean-streamline blade shape of the polar view with Eq. 60. Involved
in this procedure—which was computerized —was the calculation at each station of the
blockage and of the local slip velocity, the latter being estimated as a fraction of the dis-
charge slip velocity V, that increases rapidly to unity as the exit is approached,

Note that the meridional area is needed at each station in order to compute V, . As indi-
cated in Figure 27, this is approximated here as the area of the frustum of a cone defined
by the dashed lines or "quasi-normals,” which are as nearly perpendicular to both hub and
shroud as possible, Except for some machines with meridionally curved passages and &
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Description of the pressure side of the blade
5 -4 3 2 4 0 #1 In,
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FIGURE 27 Impeller hlading-meridional view (design examplei

large passage width-to-length ratio causing the true normals to be strongly curved, the
guasi-normal approach works well,

To establish the blade shapes along the hub and shroud, the corresponding “grid lines”
of Figure 19 were found from polynomials satisfying the end conditions of blade angle and
location, the y-position of the inlet end of the grid line being iterated until the desired
blade wrap was obtained. In this way, different wrap angles Af (= 8, — #,) can be imposed,
but a tolerable resulting blade shape requires that these Afs be not much different from
the Af (= 119.1 degrees) obtained on the mean line from the method just deseribed. In this
example, it was possible to maintain Af the same on all three construction lines, Alterna-
tively and perhaps more consistently, the inverse approach could be applied at hub and
ghroud as well as on the mean line.

Regardless of which procedure is used to generate the hub, mean and shroud blade
shapes—the conformal transformation method, the point-by-point method, or some
combination—the shape of the blade evervwhere else still needs to be established. To do this,
the shapes of the constant-f lines in Figure 27—called “blade elements”—must be specified.
This can be done mathematically as indicated on the figure or by eye (the latter approach
has been widely used). Note that each constant-# line actually lies in a different meridional
plane. Thug, Figure 27 depicts a superposition of all 21 meridional planes, each containing
an intersection of the blade surface and appropriately identified as having the #-value noted
on the figure. The resulting blade shape is illustrated in the polar plots of Figure 28.

DIFFUSION ASSESSMENT Figure 29 i= a presentation of the free-stream relative velocity dis-
tributions at the blade surfaces and halfway between. The rapid approximate method of

LIBERTY EXHIBIT 1017, Page 90



2.1.1 CENTRIFUGAL PUMP THEORY 2.65

i

3 5
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FIGURE 28 Impeller biading—polar view, showing pressurs sides of the blades (design example]

Stanitz (Eq. 54) was utilized to obtain the surface W’s, the mean values of W on the mean
{rms) streamline coming from the local velocity diagrams developed at each station®, The
mean W's at hub and shroud were found at the ends of the respective constant-f lines
under the assumption that the ideal head or UV,-product is constant along each of these
lines from hub to shroud. This is usually a fair approximation; however, a Q3D or CFD
analysis would vield a closer estimate of these mean W-distributions**. Nevertheless, the
diffusion factors computed from the plotted surface velocities by means of Eqs. 59 are
shown on the figure—these values are well below the 0.6 limit. This would indicate that
the resulting solidity of 1.48 (originally estimated at 1.46 in Table 10) is adequate, and
that the correct number of blades was chosen.

Notice also on Figure 29 that the exit value of W is significantly larger than W, which
is consistent with the outlet velocity diagram of Figure 26b. Further, a slight jump in the
mean W at the inlet above the upstream value W,,... is indicated to occur one-
dimensionally across the leading edge. As mentioned in the discussion following Figure 26,
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FIGURE 28 Blade surface relative velocity distributions (design example)

the actual practice of many designers is to create a drop of this mean W. However, in this
example, as the higher value of W is not sustained, it iz unlikely that the jump actually
oceurs in the 3D velocity field, Moreover, details near leading and trailing edges are not
well handled by Eq. 54—a CFD or 2D blade-to-blade solution is more desirable for this
type of diffusion assessment*. Nevertheless, the design guidelines given here were devel-
oped in the light of applicable one-dimensional velocity diagrams, computations, and
experimental experience. Thus, if the flow rate for which the curves of Figure 28 were gen-
erated (namely the specified design point @ of Table 6) had been 5% lower, the same
impeller would have exhibited a small drop in the value of the mean W at Station 1.

Volute Design With the exit velocity V, of 43,6 ft/sec (13.3 m/s) and the tangential veloc-
ity component V;, of 40.56 ft/sec (12.3 mv/g) from Figure 26b, the volute design process is
started in Table 11 using Eq. 81. This entails a choice of the radial “Gap B" of 6% of the
impeller radius r; and a tongue leading edge thickness ¢, equal to 70% of the impeller blade
thickness. These choices are not critical for a pump of low energy level such as this is, as
the stresses imposed by the flow on structural elements are small. The throat area Ay is
then found to be 32.60 in* (21,032 mm?) and the throat velocity V; computes to 24.60 fi/sec
(7.50 m/s), which is 56% of V; and so represents considerable diffusion from impeller exit
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to throat. (The throat area A; is the fundamental feature of a volute and acts in concert
with the impeller exit area, as emphasized by Anderson’ and Worster™ and described in
the earlier part of this section on Designing the Collector in terms of the intersection of
the casing and impeller lines®™,)

The cireumferential distribution of the volute cross-sectional area A, versus polar angle
A, from the tongue (Figure 20a) is developed in the latter part of Table 11, a final listing being
presented for a) linear A, versus #, and b) constant one-dimensional angular momentum r.V,.

TABLE 11 Volute casing (design example)

Refer to Fig, 20

A) Throat area Ar
Simultaneously solve for Ay from

a) rr £5 =095 Vg2 (Eq. 61, using 0.95) since Ay = Q—
A T 1 VT

and

b)) rp=r+ ;']- JAT +t, (Fig 20, assuming a square throat)

Elimingting ry in combining (a) and (b) yields a quadratic equation in JA 1

095V,
c) Ar N[-—-—r-é-—aiz—)"—;"ll;\'[ —(Tj +Tt}=’ﬂ

Takingrs=1.061r; (i.e., " Gap B" =006 13). 1= 6.36 in (161.5 m);

assuming (= 0.7 t,=0.7 x 0.24 = 0.168 in. (4.3 mm); and

using consistent units in (c); leads through the quadratic formula to
Ay =32.60in" (21,032 mm” )

Thus V1= 24.60 fi'sec (7.50 m/s)

B) Cross-sectional area

If volute cross-sectional area A, is distributed linearly vs. 8, . A, and the radius r, to the
center of the cross section are as follows;

8, (deg) 3260 e 2 R y
F, = — =_‘___ B -
L e S b b i v T
l — 1 1 T
g) I, =1y +5.\,-£Lv =636+ ivAT(m ) in

1 2
= 1615+ 3 AT(mru ] mm
If A, is found subject to constant angular momenturn with £, V, = 09512 Vg 5,

1
Q[r +=4JA )
8y(deg) _ "7 "2VY) B, (deg)
360 0.951, Vg2 360

f) AT :%X
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TABLE 11 Volute casing (design example) (Continued)

This is a guadratic equation in ..fIA., . which, when solved, gives the results for "constant r, V"
in the llisting below, £, being found from Eq. (&) for both this and the linear case.

Volute cross sections (design example)

Linear Ay vs. 8, Constant (r x V)
By Ay Ty Ay Ty
deg in® mim’ in mm in’ mm’ in mm
0 0.00 1] 6.36% 161.5" .00 0 6.36% 161.5"

45 4.08 2,629 7.37 1872 315 2,031 7.25 184.1
o0 8.15 5,258 7.79 197.8 6,64 4,286 7.65 1943
135 12.23 7.887 .11 2059 10.39 £,701 797 202.5
180 1630 10,516 B8.3% 2128 14.34 9,230 B.25 209.6
225 20,38 13,145 B.62 2189 18.48 11,922 8.51 216.1
270 2445 15,774 8.83 2243 22.19 14,706 B.75 2222
313 2853 18403  9.03 2294 27.27 17,596 8.97 2279
360 32600 21,032 R21* 2340 { 3181 20,588*% D8 23330

*ro=r;are, =0
** transition to rr= 9.38 in (238.3 mm) and A;= 32.6 in’ (21032 mm") due to tongue thickness

This listing illustrates an earlier statement that the latter approach produces smaller areas
upstream of the throat than does the former, Frictional effects in the smaller-A, portion of
the volute are less prominent using the linear approach. A CFD assessment at all flow
rates can be made to guide the design choice here. Finally, the one-dimensional constant
r.V, method can be improved upon by integrating & constant rV, distribution over each
cross section, and the proper design must satisfy also continuity®.

Estimated Performance Characteristics Detailed computation of hydraulic losses,
together with leakage, disk friction, and other mechanical drags was done as described pre-
vigusly, and the results are presented in Figure 30. The method predicts the pump efficiency
to be 85.5% at the design point of 2600 gpm (0.1577 m¥s), peaking at 86 percent at a 5%
lower flow rate. In view of the preceding discussion of the behavior of the mean relative
velocity W at the leading edge of the impeller blades in Figure 29, this shift of the BEP
to a slightly lower flow rate than the design value comes as no surprise, Slightly larger
values of the inlet blade angles than those chosen for this example (see Figure 26a) would
be needed for the BEP to have the same flow rate as the design point. Peaks at the design
point at 77 hp (57 kW), indicating that this is a “non-overloading” design; that is, shaft power
does not increase beyond this flow rate. The empirical methods reviewed earlier for shut-off
head and power were applied here and blended into the one-dimensionally computed curves
at half of the BEP flow rate,

The shut-off head coefficient value of 0.596 is close to the 0.585 value of Stepanoff® and
is admittedly open to alteration. The rise of head from design point to shut-off is from 104
up to 161 ft (31.7 up to 49.1 m) ar 55%. This percentage could be smaller and still ensure
stable operation in any typical system; however, the non-overloading feature could change,
the power peaking at a higher flow rate. In retrospect, the design-point head coefficient i
of 0.385 could be larger without the corresponding diffusion-factor results (Figure 29)
becoming excessive. One would conclude from this exercise that the -curve of Figure 12
18 conservative and could be higher. Of more significance, however, is the demonstration in
this design example of the utilization of easily applied fundamental fluid dynamical analy-
ses such as the diffusion assessment illustrated in Figure 29 as the basic arbiters of design
choices such as the head coefficient, number of blades, and =0 on. Furthermore, the shapes
of the performance characteristics are revealed, LIBERTY EXHIBIT 1017, Page 94
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FIGUHE 30 Estimated psrformance characteristics (design example)

The shut-off power is 34 hp (25 kW), arising from a power coefficient of 0.047 from
Mockridge's correlation™ for a by/D, of 1.58/12 (= 40.4/304.8) = 0.1325—as found from
Figure 23. This is 44% of the design-point power, & typical result, As seen in Section
2.1.3, this percentage increases with specific speed, where, of course, b/, is also
larger®,

The NPSHR (= NPSH, for this example) at off-design conditions was estimated
empirically. At the higher, non-recirculating flow rates, NPSHRE is related to the head
required to increase the relative velocity within the blades to values higher than at the
design point'®, As stated in Section 2.1.3, operation at NPSH,, involves performance in the
presence of extensive internal two-phase behavior. This is complicated by recirculation at
the lower flow rates. CFD codes exist that can deal with multiphase, recirculating flow and
can successfully predict the entire NPSHR curve; which, prior to the advent of such capa-
bility, usually had to be established experimentally. LIBERTY EXHIBIT 1017, Page 95
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HIGH-ENERGY PUMPS

Over the past few decades, there has been a trend toward pumping machinery that con-
centrates more power within a given volume. This trend is driven by cost and technology
improvements. The basic energy transfer relationships show that smaller size demands
higher rotative speed, Thus, over the same time period, speeds of high-power pumps have
been increasing. Moreover, the number of stages in multistage pumps has been decreas-
ing. There have been spikes in these trends; the resulting pumps suffering from excessive
vibration, rotor and hydraulic instabilities, component failure, and cavitation damage®.
The term *high energy” has been applied to these machines, and this label can be quanti-
fied in terms of the stresses arising in critical pump components and the likelihood of an
adverse mechanical response that such stress levels imply. Research has led to technical
solutions for effectively controlling rotordynamic behavior and reducing unsteady
hydraulic thrust and surge as well as cavitation erosion™**, The resulting pump relia-
bility improvements and life extension should enable the previous trends to continue.
Being aware of the energy level enables the pump user 1o assess whether operation and
maintenance difficulties are likely to occur after the pump is installed and running, and it
enables the designer to take the appropriate measures to ensure the technical integrity of
the product,

Pressure Pulsatlons Measured at the inlet or outlet port, the amplitude of the pressure
pulsations can be a significant fraction of the pressure rise of the pump—especially at flow
rates well below that of the BEP for the speed involved, Sources are a) the interaction of
the pressure fields of the impeller and diffuser or volute, b) unsteady separated and
reversed flows at impeller inlet and discharge and in the diffuser, ¢) cavitating flows, and
d) combinations of these phenomena. Pressure pulsations presumed to exist at the
impeller OD from the interaction of impeller blade-to-blade and diffuser vane-to-vane
variations of pressure have been caleulated by inviseid flow analysis to have a peak-to-
peak amplitude that is of the same order as the static pressure rise of the impeller®™. More-
over, the viscous, thicker wakes existing at lower-than-BEP flow rates (here called “low
flows") and separated recirculating fluid from both impeller and diffuser that participate
in these interactions can be expected to increase the pressure pulsation amplitude at such
conditions,

Figure 31 confirms these ideas, showing a bronze impeller that operated extensively at
low flow: Cavitation pitting can be cbserved near the OD of the impeller, which means that
the rarefactions of the pressure waves were below the vapor pressure of the liquid—these
pressure minima therefore being below the inlet pressure to the impeller. Moreover, the
bulged-out shrouds can be assumed to be the result of the repeated occurrence of the asso-
ciated pressure spikes (that is, the maxima of the pressure wayes) within the radial gap
(“Gap B") between the impeller blades and the diffuser vanes, the sidewall pressures on the
outsides of the shrouds remaining comparatively constant. At greater values of design pres-
sure rise than was the case for this impeller, this phenomenon creates correspondingly
greater forces that have led to actual breakage of the impeller shrouds and diffuser vanes®,
The cavitation seen in Figure 31, can also be observed on the leading edges of diffuser vanes,
as in Figure 21 of Section 12.5, and this raises the possibility of diffuser vane breakage.

Energy Level: Stage Pressure Rise Even in the absence of the weakening effect of
cavitation erosion, the leading edge of a diffuser vane or volute tongue is a representa-
tive, highly stressed zone within & pump that is subjeet to failure if the magnitude of the
pressure pulsations arising from the impeller-diffuser interactions just deseribed is suffi-
ciently large. Thus, the fluid dynamically induced stresses in these vanes can be the basis
for quantifying the energy level of & pump stage. In Table 12, this concept is developed
into an egpression for the stress in terms of the fluctuating pressure magnitude §p that
is assumed to act across the vane leading edge as illustrated in the table. The width b of
the vane is close enough to &, of the impeller exit to utilize the relationships for i and ¢,
of Figure 12 to relate /D to specific speed in Eq. (¢) of the table, For similar velocity fields,
the pressure pulsation magnitude dp is a constant multiplied by the stage pressure rise
AP_.. Thus, for a limiting value of stress, the concept of a limiting stage pressure rise
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FIGURE 31 Damage tu impelier from low-flow operation (Souree: E. Makay in Power)

emerges in Eq, (e). The constant K is chosen from experience, which leads to the result-
ing Eq. (). This relationship is plotted in Figure 32. It will be observed that this choice
for K corresponds to a limiting stress s from Eq. (d) of 6600 psi (45.5 MPa) that would
exist if §p were equal to AP, —with ¢/D = 0.01 and & = 0.85 as in the example,| The
inverse variation with specific speed is a consequence of the greater b/D of higher-02,
pumps (as developed in Table 12), the wider vane introducing more stress at the juncture
with the sidewalls for the same pressure loading and so imposing & lower stage pressure-
rise limit. Conversely, lower-{), pumps should have higher limits for AP,

Figure 32, therefore, illustrates this concept of a limiting stage pr'essure rise as & mesa-
sure of the energy level of eentrifugal pumps, the basis being a lmutmg stress level in a
critical component of the pump, Starting with stress at other locations in the pump leads
to similar results. To provide perspective, specific examples of pumps that by this defini-
tion are in the high-energy domain ave plotted on the figure. These data points are taken
from Table 18, which contains information for several well-known liquid rocket engine
turbo pumps®®# and for some representative high-energy electric utility boiler feed
pumps®7,

The last column in Table 13 is another, more general way of comparing the energy level
of these machines; namely, the torque per unit volume, which also has the dimensions of
stress. For fixed ratios of stage width, casing OD, and other dimensions to impeller radius
r (= ry), tarque per unit volume differs from the listed values of torque/r by a factor. The
actual torgue per unit volume therefore ranges from one-half to one-sixth of the tabulated
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TABLE 12 Hydraulically induced stress levels

o Stress at juncture of diffuser vane leading
edge with sidewall:

s E‘th = (Epfszfo (B]
2t? (yD)y*
o From Fig. 12 and Eq. 36:

Vv
D Vp32rnreD ar, nm,z amtie

o From Eg. 5:
S =0l [um0e) (0

o With y =0383/QY and ¢, =01715,/02,
the stress Eq. (a) becomes, with Eqg. (c)

&pxﬂf

-t L, i
; 165 (/D)% e? @

» Example for tYD=0.01, £=0.85, Q,=0.6 and 5p=1000 psi (6,895 MPs):

1000 x (0.6)*

§= =130,198 psi (208.2 MPa
165 % (0.01)% % (0.85)° pei )

® For &p being proportional to AP, and for a fixed geometry and a given limiting
value of stress, Eq. (d) becomes

‘:“Ps!g - Kw;ni {6]

o Experience leads 10 a choice of K such that

7872 . 05427
APy = psi=—
o af

MPz  (f)

torque/r®, depending on the casing or barrel thickness, and so on. However, ag has been
demonstrated, the critical stresses are more closely associated with the impeller OD,
which makes comparison of the tabulated values more relevant, Thus, a pump with high
torque/r® can be expected to have correspondingly high local internal stresses, The maxi-
mum values listed, namely for the high-pressure propellant pumps on the RD-170 (Russian)
and SSME (U.S. Space Shuttle) engines, tend to explain the high level of research and
development that was necesgary to successfully deploy these machines, Illustrations of some
of these rocket engine pumps can be found in Section 12,18.2, Similarly, Section 12.5

LIBERTY EXHIBIT 1017, Page 98



2.1.1 CENTRIFUGAL PUMP THEORY 2.73

Psi 7100 ES34 MPE
6000 |
= A A + ROCKeT TURBOPUMPS | %7
T roLil /' wovm 5 BOILER FEED S
i 5000 : FUEL™ oxYGEN = -OI_' F PUMP
(i)
< : 1 - 30
“ 4000 E High SBMBJ
P Eneragy HPOTP
m E
! 3
: 3000 - — 20
=
v 2000 - 2025 CAd
ﬁ f « \ADVANCED
A E CLASS —@ —110
12x10 CAd
g o Iéaw B-— 50 cHTAS
nergy
H E
0 ! T e ———
0 1000 2000 3000 4000
(0.3686) (0.732) {1.098) (1.464)

SPECIFIC SPEED, Ns (Qs)
FIGURE 32 Fump energy lavel defined in terme of stage pressure rise

provides examples of high-energy boiler feed pumps: the massive, barrel-type construction
of these machines is illustrated in Figure 18. Specifically, the first boiler feed pump listed in
Table 13 is the sole feed pump supplving the steamn generator of a super-critical 1300 MW
electric generating unit and consumes nearly 50 MW of shaft power, It can be seen in
Figures 7 and 20 of Section 12.5,

For pumps in the low-energy domain of Figure 32, normal design and manufacturing
practices result in a more benign mechanical response to the abnormal fluid phenomena
discussed here. However, for locations other than the diffuser entrance, which was the
basis for the development of the figure, limiting stresses could be reached at considerably
lower values of stage pressure rise. For this reason, the dashed line is offered as the upper
limit of the low-energy domain; however, a thorough analysis of the stresses in any given
application is the ultimate determinant of all the limits suggested in Figure 32 and of the
acceptability of the design. It can now be seen that the design example treated earlier in
this section is of the low-energy variety; therefore, the special design problems treated
here and further on are of relatively little concern in such pumps. On the other hand, if the
curve in Figure 32 were extended to much higher specific speeds, it would be found that
many existing, large, high-(1,, low-head pumps are high-energy machines by this stress-
related definition. It is therefore not surprising that such pumps generally require full
stress and modal analyses to identify possible destructive resonances and stresses,

Fluid/Structure Interactions With the dimensions of pump energy level identified, the
next step is to continue the examination of the problems mentioned previously and the
methods that have become available for solving them. Attention is focused on fluid dynam-
ical phenomena because, as the previous discussion of pressure pulsations implies, most
of the adverse mechanical behavior exhibited by pumps originates from the behavior of
the internal flow field. Excessive measured vibrations, material erosion, and component
failures are often the external symptoms of fluid/structure interaction phenomena that
are fundamentally explained from a fluid dynamics perspective. In addition to the fluid
dynamically induced stresses in the pump structure that culminated in the domain
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TABLE 13 Data on high-energy pumps®

I Ne. ofi Speed Flow rate | Head/stg ﬁP@g Specific Spd Turqqefrl
Pump stages | rpm gpm it pst Ny psi
! ! (m’/s) (m) | (MPa) (€2 (MPa)
Liguid Rocket
Propellant
Turbopumps
Saturn V Booster— | 5490 25080 3,100 1,530 2,095 371
F1 Engine: Oxygen (1.582) (943) (10.%) (0.767) (2.6)
Satun V Booster— | 5490 15640 5,100 1,810 1,130 172
F1 Eng: Fuel (RP1) (0.986) (1,555) (125)  (0.413) (1.2)
ggﬂ?:fh{';‘;'“ -'::fj" | 31,100 7240 9,700 4800 2,700 1,431
i %sn&E H%%TF] (0.457) (2957) (33.1)  (0988) (9.9)
Space Shutle Maln 3 37400 16300 66700 2280 1,150 200
2 5 o (1028) (20330) (1S7)  (0.421)  (1.4)
RD-170 - | 13850 25008 17,300 BS34 1,448 1,521
Oxygen (1.578) (5.273) (58.8)  (0.530) (10.5)
RD-170 - | 13850 14485 20,000 7,100 992 698
Fuel (= RP1) (0.914)  (6,096) (49.0)  (0.363) (4.8)
Boiler Feed Pumps
5 4 4160 21620 3000 1169 1509 128
#IREES Eh=4 E) (1364) (914) (8.1)  (0.552) (0.9)
4 5800 11,000 3000 1169 1,500 130
AR AL UDE) 0.694) (914) (1)  (0.549) (0.9)
6 5800 6250 2100 820 1,479 87
SCEtAa RN (0394)  (640) (57)  (0.541) (0.6)
Advanced Class 2 6500 9510 3800 1480 1312 136
(Sulzer) (0.600) (1158) (i0.2)  (0.480) (0.9)

“Notes to this table: Flow rates apply to the pump inlet. RD-170 pump data derived from
Sutton®™ and Advanced Class boiler feed pump data from Ref 57. Remaining data derived from Table 1
of Section 12.18.2. NASA reports®™* and from information supplied by Flowserve Corporation.™

definition of Figure 32, these phenomena encompass a) blade-vane interactions, b) recir-
culation, ¢) anomalous axial thrust behavior, and d) eavitation,

In order to illustrate the methods for dealing with the problems ereated by these
fluid/structure interactions, a sample suction stage of a high-energy multistage pump is
utilized as the quantifying focus in each case. Table 14 contains the conditions and essen-
tial features of this machine, a meridional view of which is shown in Figure 33, As with the
earlier design example, this stage has been designed in accordance with the procedures
outlined for that example. This includes the velocity diagrams shown in the figure, as well
as the design of the eye, the hub and shroud profiles, and the blading. A preliminary design
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TABLE 14 Data for high-energy pump suction stage

A. Design Inputs
Fluid: Boiler feed water at 350°F (177°C) = sp, gr. = 0.89, v=0.17 ¢s.

Flow rate, Q, gpm (m’/s) 20,000 (1.262)
Head rise, AH, ft (m) 3.000 (914.4)
Rotative speed. N, rpm 4,700

QOutlet flow coefficient, ¢z (Figure 12) 0.1328

Head coefficient, w (Figure 12) 0.455

Specific speed, £ (N; / ng) 0.6 (1640/32)

Inlet flow coefficient, . 0.3 (=tan 16.7 deg.)
Number of Impeller blades, ny 7

Number of Diffuser vanes, ny, G

B. Calculaied Perfomance Data

1. Efficiency
a) BEP of 20.000 USgpm (1.2618 m3f'5)
n=np = 0877 (vs. n=0.8682 - from Fig 10, for X =1}
Tiny= 0.900
Nm = 0.985
Ny = 0.989 [216 gpm (0.0136 mjr‘s} front ring leakage; rear ring leakage
included in 1y

b) At 50% Flow : np = 0.693 (= 0.79 of njggp : 0.8 is typical)

2. Head Rise
AHgep =3000f. (914m) = w = 0455
AHghuiorr = 3697 1. (1127 m) = wgy = 0.560
AH-vs-Q curve stability indicator, AHy/AHggp = 1.23 (doubtful if less than 1.2)

3. Power
P, uep = 13,376 hp (11,466 kW) ~ P =0.0571
P, siurorr = 6144 hp (4,583 kW) ~ Pyo = 0.0228 (= 0.01966 x 116 from Fig. 23)
-T

by

= K for —= =0.0779
D

4

was also made of the vaned diffuser and return vanes, following the guidelines presented
in the foregoing Design Procedures section. The result is a representative machine to
which the following paragraphs continually refer.

Blade-Vane Combinations Certain numerical combinations of impeller blades and dif-
fuser vanes (or inlet guide vanes, where they are employed) have been shown to have
acoustic consequences that can exacerbate the pressure pulsations arising from the inter-
action of impeller and diffuser flow fields. Bolleter reviewed the types of interactions that
can occur and the consequences with regard to pressure pulsations and resonance®, These
types are associated with the integer difference m between the multiples of the number
of impeller blades and the number of diffuser vanes, as explained in Table 15, To check
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FIGURE 33 Sample suction stage of high-energy multistage pump

the blade-vane combination, one simply forms a matrix of the multiples as shown and lists
the difference in each cell,

To illustrate the method, rather than use the pump of Table 14, a different example is
chosen in order to dispel the notion that one can always use two different prime numbers
for blade-vane combinations. This is an existing case of a 60,000 hp (45 MW) single-stage
pump of {2, = 0.6 (N, = 1640) and Ap = 357 psi (2.46 MPa), which has 7 impeller blades and
13 diffuser vanes™. Natice that m = 1 in the second order of impeller blade number, which
means there should be pressure pulsations at 2 % 7 X rpm/60 Hz. In fact, this pump has
exactly this vibration and pressure pulsation frequeney in the field, not least because the
pump is operating at just the right speed for the acoustic waves emanating from successive
interaction points to reinforce each other in producing unacceptable pressure pulsations,

Even with this simple method, the final choice of the blade-vane combination is usually
a compromise. For example, the method shows that all double-volute pumps have m = 0
or 1 in the first order of impeller blade number, depending on whether this number is even
or odd. m = 0 means that the all the blades or vanes are interacting at the same instant,
a consequence of which is torgue ripple. High-energy volute pumps exist for both even and
odd cases, and quite large gaps between blades and vanes (= “Gap B") are employed to
mitigate these effects,

The reader who checks the pump of Table 14 by this method will find that m = 2 in the
first order of both blades (7) and vanes (9) but that m # 0 everywhere else in the matrix.
m = 1 oceurs only in the highest orders of both and should therefore be of little conse-
quence, Checking whether 10 or 11 vanes would be better yields m = 1 in the third order
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TABLE 15 Choosing vane combinations to minimize pressure pulsations®

1. Z; is the number of impeller blades.

2. Zyis the number of diffuser vanes,

3. Each vane combination produces interacting pressure fields heteen the blade rows,

4. These fields rotate about one or more “nodal diameters™ “m" producing unsteady loads,
5, The value of “m" determines the nature and severity of these loads.

6, “m" is the difference between (p x Z;j) and (q % Zg), where p and g are integers.

7. Tofind “m", one sets up a matrix of diffuser vanes and their multiples vs, impeller blades

and their multiples or " orders.” A minimum of the first three orders should be used. This is
illustrated as follows for an impeller with 7 blades (Z;=7) and a diffuser with 13 vanes

(Za=13):
| Impelier blades and their multiples:
| =z 14 21 28
Diffuser vanes and their multiples: | Differences “m" between (px Z)) and
| (g % Z4) are given below:
q=1 13=2y | 6 1 8 15
q=2 26 19 12 5 2
q=3 39 p 25 18 1l

The significant values of “m" are 0, 1,and 2. The lower the order of either the impeller
blades or the diffuser vanes, the stronger is the interaction. The responses that oceur for
these “m" values are as follows:

¢ m = (- strong pressure pulsations and fluctuating axial Joads and torsional forces.

e m =1 - pressure pulsations and fluctuating radial loads.

o m=2-small pressure pulsations and a chance of resonance of the impeller about the
two nodal diameters—at a frequency equal to the value of g = Z; times the
rotational frequency (rpm or mps).

In this example. m = | in the second order of the impeller blades (i.e., p = 2); thus, the
frequency of the resulting disturbances will be twice that of blade passing frequency
px Z; xrpmor 2 = 7 x rpm cycles per minute or 2 % 7 x rpm/60 Hz, This is therefore &
poar vane combination and should be avoided—especially for such low orders of vane
number; i.e., for such small values of p and g, (Hete, p=2and g=1.) In general, m=10
and | should be avoided altogether, and m = 2 should be avoided in the lower orders.

of impeller blades and second order of diffuser vanes, which is probably less desirable than
m = 2 in the first orders. Therefore, Figure 33 shows a value of “Gap B” that is 12% of
the impeller radius, which by thus distancing the interacting flow fields of the impeller
blades and diffuser vanes from one another should provide adequate protection from pres-
sure pulsations and excitationg of resonance. (The gaps at the impeller OD will be discussed
further on.)

Recirculation Separation and stall of the fluid flowing in the passages of impellers and
diffusers occurs at low flow because of the incidence and large reduction in the one-
dimensional velacity relative to the passages that happen at low flow. This and the consequent
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recirculation patterns in the impeller were discussed and illustrated in Figure 6, Fischer
and Thoma® vizually observed and recorded the flow patterns, finding that as flow rate
is reduced, wakes on the suction side of all blades thicken until they occupy half the pas-
sage width at half the BEP flow rate, At lesser flow rates, the wakes continue to thicken
but become irregular, stalling in one passage and not the others—the stall pattern mov-
ing into and out of adjacent passages and so rotating relative to the impeller. As shut-off
is approached, this rotating pattern iz accompanied by reversed flow emerging from the
inlet of the stalled passage. Fraser, working with typical impeller geometries, formulated
rules for computing the flow @ at which this reversal occurs as @ is reduced at constant
epeed®’. His expressions, found further on, include the effect of impeller eyve size on @,
As one might expect, a pump with an eye diameter approaching that of the impeller OD
will have @, approaching @ At @ < @, the impeller flow patterns are highly
unsteady—as is usually the case with massively separated flows—creating nonsynchronous,
low-frequency or random pressure pulsations, the resulting shear layers between the
reverse-flowing and in-flowing fluid having vortices with locally low pressures so that cav-
itation can also exist. Fraser also quantified the flow rate @y below which impeller dis-
charge recirculation exists, Forces from such motion can cause fatigue failure of the
umpeller blades, diffuser vanes or volute tongue, cavitation erosion also playing a part as
in Figure 31, In Section 2.1.3, Fraser describes the identification and consequences of
recirculation in detail. the more general designation @ referring to either @, or @,
depending on whether @ is between or below both.

The ability for pumps to operate with any form of separation; stall; or, worse, flow
reversal (recirculation) depends on the energy level. This can be approximately quantified,
as outlined under the subject of Minimum Flow Limits further on, which include consid-
eration of accompanying cavitation activity.

Axial Thrust Response to Recirculation Discharge recirculation usually invalves
backflow from the diffuser, itself containing oscillating flow patterns and rotating stall,
Fluid emerging from the diffuser will be spinning opposite to the direction of rotation, such
fluid having a major effect on the sidewall gap flows as it joins the leakage flows deseribed
under Predicting Axial Thrust. As this fluid invades the sidewall gaps, it can slow or vir-
tually cancel the usual positive swirling of the gap fluid, Iino, Sato, and Miyashiro exper-
imentally observed and recorded this behavior, which was exaggerated by shifting the
impeller axially and by changing the ring clearances®.

An added. not unexpected effect is that as @ is reduced helow @pp, the invading flow
from the diffuser can favor the front or back side of the impeller and then switch sides
upon further reduction of @. This effect is clearly seen in the experimental thrust-versus-
@ plots of Figure 34, the impellers having been shifted as just described, Depicted there is
the resulting net load on the axial thrust bearing of an eight-stage, 3600-rpm diffuser
pump (all impellers facing in the same direction) that had a eylindrical balancing drum
(not & self-compensating balancing disk). The drum was sized 80 as not to completely elim-
inate the thrust—in order to avoid thrust reversals. The solid lines are the predicted net
thrust according to the methods outlined in Table 4 for three axial positions of the
impeller. The large excursions in net thrust were eliminated by restricting the entry of the
invading diffuser backflow into the sidewall gaps—through a tightening of the gap
between the shrouds of impeller and diffuser (Gap “A") in Figure 35, Gap “A" is not effective
unless the “overlap” of the two mating shrouds is from four to six times the gap dimension®,
Moreover, if Gap “A" is minimized, this can exaggerate the blade-vane interactions,
making it necessary to open up Gap “B" more than would be necessary were Gap “A” not
minimized®,

A further possibility that has been obzerved in a single-stage double-suction pump is
the unsteadiness of impeller discharge recirculation and, most likely, of the diffuser or
volute backflow. The side-to-side switching just mentioned appears in Figure 36 to be hap-
pening as a function of time as well as of flow rate @, as evidenced by the axial motion,
which is accompanied by discharge pressure pulsations. The “fix" mentioned in the figure
was, again, mainly minimizing Gap "A."

Closing Gap "A” and opening Gap “B" are procedures that have been widely and suc-
cessfully applied in high-energy pumps, which usually work well at BEP but run into
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difficulties at low flow®, These procedures have proven to cure the thrust and pressure
pulsation behavior just deseribed and also improve the low-flow performance curve
gshape®. The results are high-energy pumps that can operate smoothly over a wider
range of flow rate than—in many cases—was originally expected or specified. Never-
theless, the higher the energy level, the more intolerable is any unsteadiness and pres-
sure pulsation activity.

Minimum Flow Limits Because the intensity of pressure pulsations and the accompa-
nying vibrations can increase beyond acceptable limits as flow rate is reduced at constant
speed below the BEP flow, or more specifically, below @z, expressions for how low @/@ e
can be without exceeding these limits have been developed. Manufacturer and user groups
such as the Hydraulic Institute (HI), the International Organization for Standardization
(ISO), and the American Petroleum Institute (API) have specified vibration limits that
must be met at what is usually called at the minimum continuous stable flow (MCSF) or
simply @_,,. In an attempt to answer the question of how far into the recirculation zone
(where § < @) an operator can take a pump before reaching the MCSF, Gopalakrishnan
proposed a general rationale for computing @, that takes the energy level into account—
through the flow rate and rotative speed of the machine™, These two quantities imply the
blade tip zpeed at the inlet of the impeller. (Through typical ratios of impeller OD to eye
diameter, this also implies the OD tip speed and therefore the head, the energy level hav-
ing been defined in Figure 32 in terms of stage pressure rise AP,,.) The theory for this
mnethod is defined in Part A of Table 16, in which @, is computed as the product of a series
of B-factors multiplying the value of @, which is computed according to Fraser'’s earlier
development®. Conceptually, the product of these factors approaches unity in the maximum-
energy case, where the instabilities accompanying any recirculation at all are significant.
Conceivably, this product could exceed unity at the highest energy levels, as separation
and stall and the attendant unsteadiness must oceur—as @ is reduced—before reaching
the backflows that characterize @, which was observed by Fraser as the value of flow rate
for the onset of recirculation (see Section 2.1.3).

K, and K, are given in Table 16 as equations that have been curve-fitted to speed/flow
rate- and NPSH-effect charts that appeared in Gopalakrishnan's presentation™, This
includes the ability to enter any speed (rpm) into the computation for X, only 3600 and
1800 rpm having explicitly appeared in the charts. NPSH plays a role in the determina-
tion of @, —through the factor K;—because of the exacerbation of the unsteadiness and
pressure pulsations due to dilation of the cavities in the two-phase internal flows that
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TABLE 16 General method for computing minimum flow: quantifving the energy-
level effect on @, relative to @™

A) Theory
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exist for any value of NPSH that is less than the inception NPSH, (See the ensuing cavi-
tation discussion and the description in Section 2.1.8 that accompanies the definition of
NPSH-limits.)

As an example, the minimum flow of the high-energy pump suction stage of Table 14
and Figure 33 is computed in Part B of Table 16. (The value of R for the calculation of K,
is taken from Table 18.) This machine has the relatively high energy level of some of the
boiler feed pumps shown in Figure 32 and listed in Table 13. Thus it is not surprising that
the resulting value of @, is 90% of @5 (which equals Qg5 as is typical) and 48.5% of the
BEP flow rate, This is indicated on Figure 37, in which the computed performance curves
of this pump are displayed. (See Part B of Table 14 for the main elements of these perfor-
mance predictions.) However, some of the remedies that have been discussed in this sec-
tion to counter the adverse effects of high-energy pump phenomena can reduce @, to
lower values than this, In fact, the method contains the flexability to take into account such
improvements through the factor K.

In computing €«p, the angle 3, is called for. This is approximated by the inlet flow coeffi-
cient ¢, = 0.3 from Table 14, which corresponds to a nominal inlet tip flow angle of 16.7
degrees. The actual flow angle (and blade angle) at that location is slightly larger due to the
hub-to-shroud variation of the incoming meridional velocity as assumed in the development
of the inlet velocity diagrams of Figure 33, This will have a small effect on the results, depend-
ing on how one interprets *3,". In this regard, as can also be appreciated from the choices that
must be made for the K's, the method of Table 16 is not precise; however, it is a useful indi-
cator of what the user and designer can expect in determining the operating range of'a pump.

The above general theory for computing minimum flow is inclusive of all types of cen-
trifugal pumpe and has found application especially for high-energy pumps, which can be
difficult to evaluate precisely in the varying circumstances of installation and operation in
which they are usually applied. The judgments that must be made in order to apply the
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FIGURE 37 Estimated performance of high-energy pump suction stage
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method of Table 16 can be largely avoided if actual data for @, are available. It would in
fact be a monumental task to establish precise limits for all pump types and operational
envelopes. Nevertheless, the effect of energy level on MCSF has been found experimen-
tally for several classes of API process pumps through extensive testing, From this, Heald
and Palgrave have developed a method for computing the minimum flow of these pumps
as follows™:

K;

@i = MSCF = TG-EK” % Qugp (68)
where
K- = K,(rpm, configuration, Ngg) {691
and
Ky = Ky[(NPSH,/NPSHg)sep. fluid] (70)

Obtained from Figure 38, the factor K, accounts for the effects of speed and configu-
ration. As used in that chart—and in Eq. 69, the term suction-specific speed N,, (or {1,,)
does not mean that NPSH-effects are also included; rather, this expreszes the fact that
the impeller design is affected by the designer’s choice of V,, as can be seen in the case
of the earlier Design Example, beginning in Table 6. This leads immediately in Table 7
to the inlet flow coefficient ¢, (through the NPSH-correlations of Table 1) and the
impeller eye diameter D, or radius r.. Following on from the discussion of Recirculation,
the ratio @ /@ ser can be expected to increase with eye size or D,/ D.. Being strictly based
on experiments, the Heald and Palgrave method does not deal explicitly with Qg or @py,
but one can see from Figure 38 that this principle is operative; Higher-N,, pumps require
greater MCSF. Before this fact was clearly understood, the trend was to design for
greater NV,,—in order to increase suction capability of these pumps. When operators ran
them back to the same low flows as they had done with earlier pumps designed for lower-
N, capability, failures became epidemic. This led to a call for “lower-suction specific speed
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pumps,” or, more accurately, pumps designed for lower-N,, capability; specifically 11,000
(£, = 4)or less™.

The NPSH-effect does come into play—as with K; in the previous general method—
through the factor K, in Figure 39a. In this case, the term NPSH; means NPSH,,. Here
again, it 1s the ratio ® = NPSH /NPSH, that is the determining factor because it is a mea-
sure of the cavitation activity that is invariably present in the first stage of a pump, and
therefore in all single-stage pumps. The lower the value of B, the more violent the pressure
pulsations accompanying the recirculating fluid and the consequent vibration, The situa-
tion is mitigated considerably at greater R, and K, operates through Eq. 68 to decreage the
MCSF. Of course, if R were great enough—often 5 or more—NPSH, would exceed NPSH,
(as discussed in Section 2.1.8) and there would then finally really be no cavitation in the
pump. (That high a value of NPFSHA is rare; for, if it were supplied, there might not be a
need for a pump in the first place.)

Figure 39a also brings in the effect of the liquid being pumped. When room temperature
water boils (cavitates), the mass boiled off by the local drop below the vapor pressure makes
considerably more cavity or bubble volume than some other liquids, namely hydrocarbons
and hot water'’. (See Section 2.1.3.) Figure 39 refers to room temperature or cold water.
Figure 39b shows the value of NPSH,,; s0o named, because, if this amount of NPSH, which
is greater than NPSH ., is supplied, the impeller thereby lasts for 40,000 hours in resis-
tance to cavitation erosion, a phenomenon which is dealt with below.
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The relationship of the ratio R to the design value of N, has been quantified more gen-
erally in terms of the “suction energy” SE = D,(in.) X N X Ngg X sp.gr. by Budris,
wherein he calls for a greater NPSH-margin (= NPSH,-NPSH;) for pumps with high
values of SE, this margin increasing as the flow rate is reduced below BEP.” SE and the
pump energy level are connected through the ratio D,/D, (Eq. 51), because the limiting
stage pressure rise of Figure 32 is proportional to sp.gr.XAH,,, the stage head being
found from D, and N, e.g., through the equation in Figure 12.

By way of illustration, computing the minimum flow of the end-suction volute pump of
the Design Example begins with Curve B in Figure 38 (for pumps with 6-inch discharge
and larger and for 1800 rpm and lower as stated on the figure). [This pump has a dis-
charge port of about 9 inches (229 mm) as would be the case if the velocity in this port were
half of the throat velocity V; in Part A of Table 11, as suggested previously in the para-
graphs on Volutes under Designing the Collector.] N, for this pump was chosen as 12,300
(Q,, = 4.5), which yields 41.5% for K. If it were decided to provide this cold-water pump
with 16.4 ft (5 m) of NPSH,, R would be 1.17, and the figure yields 0.97 for K,,. [NPSH,,, =
14 ft. (4.27 m) for this pump, as seen in Table 6.] Thus, from Eq. 68, this pump has an
MCSF 0of 0.415 X 0.97 or 40% of @ggp. Had it been designed for N,, = 11,000 ((,, = 4.025),
and if R still were 1.17, the NPSH, would have been 19 ft (5.8 m) and MCFS would have
been 0.36 X 0.97 or 35% of @ggp. Moreover, if it were pumping hydrocarbons at this same
NPSH,, MCFS would have been even lower, namely 0.36 X 0.78 or 28% of Qggp. It would
appear, though, that for many applications, the pump as designed (at {1, = 4.5) has a low
enough energy level to allow for an adequate range of flow-rate capability, and that there-
fore, the value N,, = 12,300 is in this case not excessive.

Cavitation Considerations Having alluded to and treated the subject of cavitation a
number of times in this section, we should expand on the role that this ever-present phe-
nomenon plays in the operation and durability of centrifugal pumps, particularly those
having a high energy level. The manifestations of cavitation that are encountered and
become issues for the operability and life of a pump are a) cavitation accompanying
backflow from the impeller eye, b) cavitation-generated instabilities and pressure pul-
sations, and c) erosion, which involves the prediction of the NPSHy-versus-flow rate
characteristic curve to maintain life and, conversely (d) the prediction of life for a given
NPSH,. The range of NPSH over which cavitation occurs within a pump extends from
the point where pump head or pressure rise undergoes an identifiable drop—usually 3%
for repeatable results for the NPSH-value involved—namely the “performance-NPSH”
or NPSH;,—upwards. As NPSH increases from this point, there is an extensive range
over which no observable performance loss is detected, yet erosive damage is progress-
ing at a sometimes excessive rate. Finally, at the upper end of the range, all two-phase
activity ceases—all bubbles and cavities are suppressed—namely, at the inception-
NPSH value or NPSH,. As stated previously, NPSH, has been observed to be typically
about five times NPSH,,. This is clearly described in Section 2.1.3, in which the differ-
ent NPSH-limits are distinguished. The following cavitation considerations pertain to
this range.

a) Cavitation and backflow. The minimum flow limits imposed by the R-value or NPSH-
effect arise partly because a lower flow rate at a low NPSH—although it may be in excess
of NPSH,—involves a strong interaction between suction recirculation and cavitation
that can be intense, especially for inducers and large-eye (large D,/ D,) impellers. At flow
rates @ << Qg there exists upstream of the impeller an annulus of back-flowing fluid that
emerges from the impeller. Drawing the velocity diagram at the impeller leading edge at
the shroud for the case of reversed flow reveals that the absolute velocity component V
1) is mostly circumferential and ii) is greater than the impeller tip speed U, , or U,. Thus
the fluid leaving the impeller hugs the outer wall of the approach passage. If this passage
is an axial pipe supplying an end-suction impeller or inducer, the pressure along the cen-
terline can be below the vapor pressure, thus creating a vapor core that extends many
diameters upstream. Obviously the energetic backflow has to be balanced by an equiva-
lent inflow that enters the impeller from the interior of the pipe and therefore along the
hub streamline of the impeller. Vapor from the core is drawn in also and tends to fill the
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impeller and vapor-lock it. At this point, the pressure to drive the highly spinning liquid
upstream is nonexistent and the hackflow ceases. The vapor core disappears and the
impeller once more hegins ingesting liquid, the process just described repeating itself at
a very low frequency (as low as 1 to 6 Hz) and called cavitation surge™. It has been found
possible to passively divert the backflowing liquid outward from the inlet passage at the
impeller or inducer eye into a series of vaned passages surrounding the inlet pipe, the
vanes deswirling the backflowing liquid and returning it to a point or annular port
upstream. Properly designed, this “backflow recirculator” has completely eliminated all
cavitation instabilities in inducers—over the full range of flow rate from shut-off to run-
out. It was shown to work for some high-N,, impellers to which it was applied™. Cavita-
tion surge, however, is rarely seen in low-N,, impellers and is usually completely avoided
by running the pump at flow rates greater than minimum flow @, as established by
one of the previous methods or by test.

b) Cavitation-related instabilitics and pressure pulsations. At flow rates greater than
@ ..in» cavitation can cause or intensify pressure pulsations. Such instabilities are connected
with the variety of cavity and bubble configurations that can exist over the range of flow
rates and NPSH- or E-values. The nature and extent of cavitating flow within a pump has
been studied extensively by visual observation. Figures 40 and 41 are laboratory pho-
tographs®! of a sector of a boiler feed pump impeller eye, in which the suction sides of some
of the blades are visible. These were taken with the aid of a bright flash that lasted for 1
us. They can also be found in Ref. 24 of Section 2.1.3. Figure 40a shows the sheet cavity
that exists at BEP flow rate and at an R-value of 2, Also observed at BEP—but at R = 1
(that is, NPSH = NPSH,;)—is the thick, extensive cavity of Figure 40b. This cavity
extends from the blade leading edge to the throat formed by the leading edge of the fol-
lowing blade, and this same pattern exists on every blade. Most observers note that when
this suction-side cavity reaches the next throat, the pressure rise or liquid head starts
breaking down—which is what is recorded at this “3-percent-NPSH” point. Instabilities
tend to be at a minimum at both of these relatively steady flow conditions.

Figure 41, on the other hand, displays highly unsteady cavity flows. Both pho-
tographs (A and B) were taken at the same half-flow condition at different instants—for
R = 2. Asimilar sequence of three photographs at this condition appears in Section 12.5,
and none of the three possesses a cavity pattern that resembles either of the others, The
position of the somewhat smaller cloud in Figure 41b that has broken off the main cav-
ity appears to be traveling toward the pressure-side (out of sight) of the next blade.
Pressure-side cavitation erosion would be the result, and this accords with the findings
in Section 2.1.3.

Pressure pulsations are associated with unsteady cavitation patterns, and plots of the
amplitude and frequency of suction pressure pulsations show increasing frequency as R is
increased—as would be expected as bubble size is reduced. The amplitude peaks at R

a. b.

FIGURE 40 Cavities on impeller blades at BEP flow rate: a) NPSH = 2 x NPSH,,; b) NPSH = NPSH,,, (Source:
Flowserve Corporation)®
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a.

FIGURE 41A and B Cavities on impeller blades at half the BEP flow rate: NPSH = 2 X NPSH,, (Source:
Flowserve Corporation)®

greater than 1—usually closer to 2. Elimination of these instabilities is best done by avoid-
ing cavitation. This can be done by increasing NPSHA and optimizing the blade shape for
minimum cavity activity™. To avoid the excessive pump and system oscillations that can
occur, some users specify that a cavitation-flow visualization test be conducted and require
that minimal or no cavities shall be observed.

¢) Erosion due to cavitation and the prediction of the Life-NPSH. In the majority of cases
cavitation is unavoidable, and the issue becomes the life of the component (usually the
impeller) in resistance to attack by collapsing bubbles and larger cavities as they are
swept out of the low-pressure regions near the blade leading edges. The pressure created
at the point and instant of collapse is immense. Photographs of the erosive damage
resulting from this activity can be found in Sections 2.1.3 and 12.5. The surface failure
mechanism is one of fatigue due to repeated collapse of bubbles adjacent to the blade.
This happens at a large number of closely spaced sites, the resulting erosion having a
strongly pitted texture. The rate of erosive depth penetration into the surface of a ven-
turi subject to bubble collapse was found by Knapp™ to increase as the sixth power of
velocity V at a constant cavitation number & = 2(p, — p,/pV2 In other words, the ero-
sion rate increased as the third power of (p, — p,) or NPSH at the inlet of the venturi,
which means that the collapse pressure rises with NPSH, as is known from the Rayleigh
bubble collapse theory.”” The velocity V in Knapp’s venturi corresponds in a pump to the
maximum relative velocity W at inlet—which is conveniently represented by the impeller
inlet tip speed U,, as a criterion for damage rate—and r corresponds to the cavitation
number k. For a given impeller at constant /N and a constant value of 7, (or at a con-
stant available suction specific speed,) the higher U, , is, the greater the NPSH and the
greater the damage rate. Also, as mentioned earlier, a higher value of U,, implies a cor-
respondingly greater U, and, therefore, greater pump pressure rise or head. Therefore,
high-head pumps are more likely to suffer from cavitation erosion, making cavitation a
“high-energy” pump phenomenon. High pressure-rise has already been shown to be a fea-
ture of high energy pumps through the definition of energy level in terms of classical
stress loading (Figure 32).

Facing the reality of high-energy pump destruction due to cavitation erosion, Vlam-
ing redefined the term “NPSHR” to mean NPSH ; jy 1. ; that is, the NPSH needed to
limit the damage sufficiently so as to ensure an impeller life of 40,000 hours. He devel-
oped an empirical method for predicting the curve of this “damage-NPSH” versus flow
rate for conventionally-designed impellers™. This method is defined in Table 17 and
includes the inlet tip speed effect on the erosion rate. A value of the vaporization factor
C, that is less than unity applies to hot water and to other liquids such as hydrocar-
bons, which generate far less vapor volume when they cavitate than does cold water.
(See the earlier discussion under NPSH Effects in the section on Specific Speed and
Optimum Geometry.) (Rather than depend on theory for the APT process pumps mentioned
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TABLE 17 NPSH required for 40,000 hours life™

NPSHp = NPSHep + f | —2 QBEP \pgy
R SE SE
Qpep Qs

where
U
NPSHsg = Ca - Cp - Co - [(ki+ka)pe? +Xs] - 52

and C, = Specific Speed Effect (= | for Ny = 1000) (5 2 0.366)
Cy = Vaporization Effect [= 1 for cold water; 0.74 for 350°F (177°C) water]
C. = Material Effect (=1 for 12 Cr. Stainless Steels)
ky, =12

4
Ug (ft/sec)/400 inlet ti
Ky = 02534 4 ([Ve (B/sclS00] L filet ip
[Ue (m/s)/1283]

) .
[887[QSE— QJ+393(QSE— Q) -x{—9-51
I QBEP QBEep QBEp QREP Qse

f = il

2
zszo[Q —QSEJ+6610(Q _ QsE -X{Qzl
Qper  QBEP Qper  QOBEP Qse

NPSHggE (ft
and X = (sH05 - /1000 where S= (®)
32808 x NPSHgg (rn)

earlier in connection with their minimum flow data, Heald and Palgrave quantified
NPSH 4 000115, in Figure 39b™.)

Applied to the high-energy multistage pump suction stage of Figure 33 and Table 14,
Vlaming’s method yields the NPSHy-values shown in Table 18 under the heading ¢.=0.3.
These are plotted as the NPSH ) n-curve on Figure 37. The blades of the pump are
assumed to be set for zero incidence of the incoming flow to their camber lines at the BEP—
called “shockless entry” and denoted by “SE.” (Many designers make @ somewhat larger
than Qggp to achieve lower NPSHR at @ > Qggp. Also, @z produces an even greater jump
in the mean W at the leading edge than was shown in Figure 29 for the 2.2 degrees of
mean positive incidence seen in Figure 26a. This is due to the blockage of the blade that
is fully realized at this zero-incidence flow raté @gg. The impeller flow loss at this flow rate
often causes @Qzgp to be about 10% less than @gz.) The column to the right in the table con-
tains the results for the same method applied to the more common case for high-energy
pump suction stages, namely ¢, = 0.25 (and lower). For the same shaft diameter, flow rate
and speed, ¢, = 0.25 vields a larger eye diameter through Eq. 49; namely, 13.92 in. (353.6 mm)
versus 13.37 in (339.6 mm) for the ¢, = 0.3 case as shown in Figure 33. Moreover, that fig-
ure shows the inlet tip speed U, , (U,) to be 274 ft/sec (84 m/s), whereas for the larger-eye
case the value is computed to be 286 ft/sec (87 m/s). As Table 18 reveals, this larger-eye
impeller has a lower value of NPSH,, (as computed from the correlations of Table 1),
which is the reason for sizing large eyes. But Vlaming’s method indicates that the smaller
eye requires less “damage-NPSH” (B = 1.69) than does the larger eye (R = 2.06), even
though the latter requires less “performance-NPSH” or NPSH,,,. So, from both a minimum-
flow and a cavitation damage standpoint, the advantage of a smaller eye for high energy
levels is evident.
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TABLE 18 NPSHR of high-energy pump suctions stages

A) NPSH Required to Maintain Head Rise: NPSHje,

NPSH3%, ft(m) _L NPSH3%, ft(m)
(3% reduction in AH) Qgep ¢.=0.3* $.=0.25
T30 [100] 0.2633 0.214
ki =1.69 } [Tabte (1)] | 100 307(94) 271(83)
ko =0.102
[Empirically Calculated] 150 1150(350)  1150(350)

B) NPSH Required to Limit Cavitation Damage: NPSHao.000 s,

NPSHu,000 hes. Life _0Q NPSHg, ft(m)

Q BEp $=0.3* $.=0.25

. 0.25 1081(329) 1174(358)
Vlaming's

Empiricel 0.50 840(256) 910(277)

Method

for Qap, = Q 0.75 653(199) 705(215)

(for Qse. = Qur) 0.90 566(173) 610(186)

1.00 519(158 559(170

R = YPSH 40,000 s >(1.00] R=1.69 | R=2.06

NPSH,

1.10 687(209) 743(226)

1.25 1058(322) 1148(350)

1.50 1994(608) 2173(662)

*Values predicted for sample high-energy pump suction stage: ¢ = 0.3; ¢¢ < 0.25
widely typical of suction (1% stages.

d) Prediction of life for a given NPSH,. The inverse of the foregoing problem is how to
determine the life under cavitating conditions at a given value of available NPSH.
Giilich found a connection between an observed length L, of the cavity trailing off the
leading edge of the blade at BEP (Figure 40a) and the life of an impeller operating at
this condition™, The resulting procedure is outlined in Table 19, beginning with the def-
inition that the life is the time it takes for the erosion to penetrate through 75% of the
blade (or wall) thickness. In the absence of a cavitation-visualizing test, L.,, can be esti-
mated as suggested by the last two formulas in Table 19%. Critical to this estimate is
the assumed value of the “inception-NPSH” or r,. For conventionally designed impeller
blades, ; = 1 at the BEP, whereas aerodynamically shaped blades that minimize the local
reduction of static pressure have been produced with 7, < 0.5 at the BEP?#, The life com-
putations of Table 20 follow from application of the method of Table 19 to the sample suc-
tion stage of Figure 33 for 7, = 1 and 0.5. Higher values of 7, apply for € # Qggp—as might
be expected from the shape of Vlaming’s NPSH ;o s -curve in Figure 37 and the fact
that the local pressure reduction in the leading-edge region increases with incidence.
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TABLE 19 Prediction of life under cavitating conditions

Life = the minimum of (Lifes, , Lifeps), where s.5.= suction side of blade;

and p.s. = pressure side of blade.

And where Life =0.75 x YMDPR, where t = blade thickness, mm;

MDPR=mean depth of penetration rate, mm/hour.

3
MDPR = [c « (Lo /10)" x (14 =0:2) % U xp* x A] /[s % Fpoy (TS)z] mm/h

Where C = 8.28 E-06 (s.s.), 396 E-06 (p.s.);and n=2.83 (s.5.), 2.6 (p.s.);
T = NPSH/(Uc2 /Qg); dimension less
U, is blade inlet tip speed in m/s
0, =Vni/Ue, where V| = average axial inlet velocity, (typically ¢, = 0.25);
p;, = 1000 x sp. gravity of the liquid; A =1 for cold water, 0.705 for 350°F (177°C) water;
Fa = 1 for martensitic: stainless steel, 1.7 for austenitic stainless steel;

TS = tensile strength in Pa [= 860,000,000 (= 125,000 psi) for 13 Cr and
= 552,000,000 (= 80,000 psi) for 18 Cr, 8 Ni.]

Leav = (mx D /ny ) x {1‘[(‘°A =730 )/ (% ‘73%)}1/3} if T < 7; (mm)

Loy =0ifto> 1

From this and the results of Table 20, it is evident that improvements to conventional
blade-design practice are essential if life is to exceed half a year. Further, this life cal-
culation method is based on the existence of a sheet cavity like that of Figure 40a; and
the disordered cavity structures of Figure 41, which happen in the presence of recircu-
lation, are not addressed. Low-flow cavitation damage is generally more severe, and is
described in Section 2.1.3. Moreover, corrosion can play a role in cavitation-related ero-
sive activity, an effect that was also addressed in Giilich’s work.”™ Nevertheless, the abil-
ity to compute erosive behavior—even at the BEP—allows one to evaluate design
improvements and provides a good idea of the life that can be expected under normal
operating conditions.

Obviously, if the available NPSH is greater than the inception-NPSH (that is, 7, > 7)),
there is no bubble activity of any kind, and at @ggp the cavity length L, = 0. An illustra-
tion of what can be achieved in this regard is presented in Figures 24 and 25 of Section 12.5,
which are the “before” and “after” photographs of the model impeller blades for the first
stage of a 24,000 hp (18 MW) pipeline pump. Quasi-three dimensional analysis of the
blade pressure loading led to changes in shape that eliminated the cavities® ™. This com-
plete absence of cavitation is becoming the desired objective for the design and application
of new and upgraded multistage high-energy pump suction stages. This approach elimi-
nates both the erratic mechanical behavior that occurs in response to unsteady cavity pat-
terns and the erosion due to bubble collapse; thereby substantially increasing the life and
reliability of such machines®!.
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TABLE 20 Life of high-energy pump suction stage

A) Pump data for computing life (at the B.E.P. of 20,000 gpm)
» NPSH3y, =307 fi (94 m); thus, 139, =0.263
o NPSHA =519t (158 m); thus, T4 =0.444
* toiee = 0.42 in (10.7 m); thus, Fpa =1 (13 Cr martensitic stainless steel)
* Suction-side cavitation in 350°F boiler feedwater, for which A = 0.705

« Inlet flow coefficient ¢ =0.3; U, = 274.2 ft/sec (83.57 m/s); U¥2g = 1168 ft (356 m)

B) Results for inception occurring at NPSH; = blade inlet tip speed head and half that

NPSH..
a1, =10 = 3.8 %13y bl 1 =05=19X130,
NPSH; = 1168 ft (356 m) NPSH; =584 ft (178 m)
Leav =57.0mm 13.1 mm
MDPR = 0.0014482 mm/h 0.0000226 mm/h
Life =5541h="7.6 months 355,000 h =40 years

Pump Suction Stage

C) Sample Life Calculation * {High Energy

1 - 0263

1/3
L =258 6 DT [l - (oa - 026 } - $70mm

57 183 — 3
828 x 107 x (ﬁ) x (0.444—0.3 ) x (8357)° x (890)° x 0705
MDPR =

8 x 1 x (860 x 10‘3)2

h
=0.0014482 mm/h (x 8760 Year = l2.7mm/y]

Life =0.75 x 10.7/0.0014482 = 5541h

= 7.6 months
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CFD ANALYSIS OF FLOW
AND PERFORMANCE
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INTRODUCTION

Until relatively recently, prediction of flow behavior in pumps and the systems in which
they operate has generally been limited to a practical combination of (a) obtaining, apply-
ing, and scaling experimental data on components and models, (b) modifying components
according to rules that were developed for specific geometries but were often extrapolated
to others, and (¢) one- and two-dimensional computations by which designs of components
were made and which could be used to predict flows and performance in a reasonable
period of time. With respect to the pumps themselves, in Section 2.1.1, “Centrifugal Pump
Theory,” fluid dynamical analysis of the flow through the internal passages is demon-
strated as the means for predicting the performance of pumps. Formulas are given for
energy transfer, static pressure development, and flow losses, which can be applied one
dimensionally to evaluate the effectiveness of the design of the impeller and the accom-
panying stationary inlet, volute, diffuser—and the crossover passages of multistage
pumps. In several instances, one-dimensional (1D) analysis is found to be inadequate—as
for example, in finding the distribution of velocity in the approaching fluid along the lead-
ing edge of an impeller. Here, the need for a two- or three-dimensional solution of the bagic
fluid dynamical equations of motion is called for, which now is more and more accurately
and rapidly achieved on a digital computer or cluster(s) of computers as ever-increasing
computing power has become available. Hence the term “Computational Fluid Dynamics”
or “CFD” has become commonplace in the quest for understanding the flow behavior and
patterns as needed to achieve optimum design and matching of flow elements. An accurate
solution of the flow fields in the components from the inlet to the discharge port of the
machine also yields the overall “hydraulic” performance; namely, head, power, efficiency—
for both single- and multiphase flows, Moreover, as described in Chap. 13, flows in system
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elements, especially intake sumps and suction piping, play a crucial role in the behavior
of both pump and system. The design and deployment of such elements and especially the
combinations of them that can include the pump as well are among the increasing list of
CFD applications.

Yet, all this computational capability is not a substitute for the experienced and cre-
ative designer, who must provide the hydraulic geometries and fluid systems to be evalu-
ated and interpret the results. For example, the traditional approach to creating and
optimizing the gamut of highly developed impeller shapes versus specific speed—which
often produce overall pump efficiencies in excess of 90% as seen in the chart efficiencies of
this book—had been accomplished by the middle of the last century and well before digi-
tal computers came to be employed in the design and optimization process. Intuitive fluid
dynamical reasoning had been exercised by these designers as they assessed both theo-
retical and experimental results. The former were the output of flow analyses of varying
degrees of complexity from 1D to quasi-three dimensional (@3D—combinations of two-
dimensional [2D] solutions) that were needed in order to apply the diffusion limits per
NACA research as in Figure 17 and Egs. 57 to 59 in Section 2.1.1. This traditional
approach enabled especially the development of highly efficient impellers, as well as imag-
inative solutions to new design and performance challenges.’-%3

Early CFD work on pumps focused on the steady flow field within a single hydraulic
component, usually the impeller; the objective being to provide recognizable flow data for
judging it. Graf demonstrated that several of the known and observed flow patterns within
impellers could be reproduced via CFD.* Used to judging impellers in terms of the @3D-
computed distributions of relative velocity W just outside the boundary layers on the
blades, he presented in this same early work the equivalent static pressure loadings on the
blade surfaces. Pressures were readily available to him on the actual blade surfaces;
whereas W = 0 on these surfaces, because CFD solutions include the boundary layers or
approximations for them.* Substantial improvements to inlets, diffusers, and multistage
pump crossovers are often more readily identified than for the more highly developed
impellers.?® Indeed, many shortcomings of established geometries remain, despite the
impressive achievements of generations of past designers. Even the best of these geome-
tries can be and are being further improved. Interactive optimization of the design is thus
a major function of CFD in the hydraulic development process.

Accurate prediction of overall performance has been less forthcoming, mainly because
of limitations on treatment of the losses accompanying diffusing and separated flows that
are imposed by inadequate computational power. As demonstrated by Giilich et al, the
ideal or “theoretical” head H, can be quite accurately calculated at flow rates near the best
efficiency point (BEP) with minimum CFD power by present standards, because it is con-
nected primarily with flow directions and velocities in the impeller and less with the
details of the loss calculations therein.” The most accurate CFD prediction of overall pump
developed head requires analyzing all hydraulic components and in turn correctly model-
ing the interfaces between rotating and stationary components. For example, the flow dis-
tortions produced by an asymmetric inlet passage produce losses in the impeller it feeds,®
and an unsteady CFD solution of these coupled flow elements should correctly model these
losses.

The computing power required for an unsteady solution of the entire pump has been
the limiting factor for many users, as it generally requires multiple processors operating
in parallel. Approximations to get around this limitation have been made by restricting
the analysis to steady-flow computations—often in a single passage-—and, at the inter-
faces between rotating and fixed components, by (a) using circumferential averages—but
not spanwise hub-to-shroud averages—of the quantities being calculated or (b) freezing
the impeller at a selected position relative to the fixed adjacent components and doing no
such averaging. Neither (a) nor (b) prevents simulation of flows across the interfaces in
both the forward and reverse directions as would happen at flow rates below BEP; how-
ever (b) preserves variations in all directions. In one typical case, the frozen rotor approach
(b) predicted the head at shutoff and at flow rates from 80 to 120% of BEP within 5% of
the measured head on test.® In another example, similarly accurate results for complete
stages via the circumferential-averaging approach (a) were reported for flow rates in the
neighborhood of the BEP only®
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With sufficient computing power, improvements in CFD-predicted performance are
possible at all flow rates, together with the influence on this performance of rotating stall
and cavitation and other multiphase flows. This includes the thermodynamic effects on
vaporization and other gases that may be present in the liquid. Finally, the inherently
unsteady flow in the meshing rotors of screw pumps and other rotary positive displace-
ment pumps (Sections 3.7 and 3.8) has been investigated by CFD;" however, this section
concentrates on the use of CFD for flows in rotodynamic pumps and inducers and partic-
ularly for understanding the off-design behavior of these machines. From the attendant
description of the concept and methods of implementing it for pump internals, readers will
readily appreciate the fact that CFD is equally applicable to all flow-related system ele-
ments, including intake sumps and suction piping configurations.

NOMENCLATURE

NOTE: See the Nomenclature for Section 2.1.1 for most of the symbols used in this section.
Additional definitions are presented here for further clarity and convenience.

k = turbulent kinetic energy =3(w'; + w'; + w'?) where each overbar represents a
time average

t = time

u = generic velocity component

W = local mean value of fluid velocity relative to the rotating impeller, ft/s (m/s). For
stationary components ({) = 0), substitute the absolute velocity V for W in the
equations presented here.

w' = fluctuating component of the fluid relative velocity due to turbulence, ft/s (my/s).
For stationary components () = 0), substitute the absolute velocity v’ for w' in
the equations presented here.

7 = cavitation coefficient for impeller or inducer (= 2g X NPSH/ U: or 2g X
NPSH/U,?)

7., = shear stress in the x-direction due to velocity variation in the y-direction

u; = i = the absolute viscosity as defined in Section 2.1.1. This quantity is more
precisely known as the molecular or “laminar” viscosity.

tr = u, = the turbulent or “eddy” viscosity, which has the same units ag w, or
e = turbulent energy dissipation rate
¢ = flow coefficient (=V,,,/U,)

w = fluid vorticity

CFD BASICS

The Reynolds-Averaged Navier-Stokes Equations The basis for all CFD analyses
are the Navier-Stokes equations. These are the equations of general, unsteady motion of
a compressible viscous fluid, which relate pressure to the instantaneous velocity field.
They are derived in fluid mechanics texts by applying Newton'’s second law, which relates
forces and accelerations to those occurring in the three spatial dimensions within the
fluid. For example, Schlichting does this by developing expressions for the normal and
shear stresses on a fluid element and then invoking Stokes’” hypothesis that these stresses
are proportional to the rate of strain or shear, which is the case for a Newtonian fluid.!!
The simplest form of this hypothesis is the expression for shear stress 7,, in the fluid in
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the gap of width & between two plates, one of these plates moving steadily at velocity U
in the x-direction parallel to the other (fixed) plate:

du

“dy (L

U : i
THy L locally in the fluid, 7, =

where u is the absolute viscosity or constant of proportionality between the stress and the
rate of strain du/dy, u is the local fluid velocity, and y is distance in the direction normal
to the fixed plate. In this case du/dy is equal to U/6 throughout the gap. The fluid in this
illustration is assumed to be laminar, and for this case the Navier-Stokes equations reduce
to the following single expression:

2
L8 g @)
dy

The solution of Eq. 2 is the expected straight-line velocity distribution:

u=% 3)

There are many other solutions in the literature for laminar flows. However, when the
flow is turbuient, the quantities involved are fluctuating, and the flow field is best under-
stood in terms of the averages of the velocity components, pressure, and density; where the
instantaneous value of any velocity component u is represented as the sum of an time-
averaged portion Z and a fluctuating portion u'; namely,

u=1u-+u' (4)

When this expression for each of the velocity components (and similarly for the pres-
sure and density) is substituted into the Navier-Stokes equations, one obtains what are
called the Reynolds-Averaged Nauvier-Stokes equations, and so CFD specialists speak of
RANS codes. For illustrative purposes and the general interest of pump engineers, it is
convenient to specialize these RANS equations to the incompressible flow case and to ren-
der them in terms of the relative velocity componenets, W,, W,, and W, in the system of
cylindrical coordinates r, 8, and z that are commonly used for analysis within the rotating
frame of reference of an impeller. Four equations are involved here, the assumption being
that the absolute viscosity w is constant. The first three are Newton’s second law or the
momentum equation in each of the three coordinate directions, and the fourth is the con-
tinuity equation.

Momentum in the r-direction:
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Momentum in the z-direction:
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Continuity:
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On the left-hand side of Egs. 5, 6, and 7 appear the fluid acceleration terms—including
the unsteady terms (time derivatives) that are evaluated in unsteady CFD solutions of
these equations. Because these equations apply to a reference frame rotating at angular
speed {1, the centrifugal and Coriolis terms pQ)% and 2pQ)W, appear on the right-hand side
of Eq. 5, and the Coriolis term 2pQW, on the right-hand side of Eq. 6. By setting () equal
to zero and substituting the absolute velocity V for the relative velocity W, these equations
can be applied to stators, such as vaned or vaneless diffusers.

For simplicity, the bar over each of the time-averaged velocity components has been
omitted; however, the bar does appear over each of the six unique products of the fluctu-
ating velocity components, indicating a time average of these quantities, which character-
ize turbulent flows and are called Reynolds stresses. The task for the developers of CFD
codes is to properly represent or “model” these six terms.!2

Turbulence Modeling Schemes Because the RANS equations (5 to 8) deal with the
time-mean values of the velocity components, they are more practical to deal with in com-
puting the flow field than are the Navier-Stokes equations, which deal with the instan-
taneous values. However, relationships for the Reynolds stresses must be supplied in order
to obtain a solution to the RANS equations, and generating these relationships is called
“turbulence modeling.” These include the earlier algebraic eddy viscosity models and the
later, now widely applied two-equation models. With an increasing array of complexity,
advanced Reynolds stress models are possible, but they require many additional equations
to be solved in order to define all the Reynolds stresses.

a. Algebraic eddy viscosity models. Thinking in terms of the mean velocities, it is logical
to try and relate the Reynolds stresses of turbulent flow to the mean-velocity
gradients, just as was done in Eq. 1 for the shear stress in a 2D laminar flow.

pu'v’ =, (9)

where u, is called the eddy viscosity, and pu'v’ is the relevant Reynolds stress from the
RANS equations (as written in cartesian coordinates x, y, and z and therefore in terms
of velocity components «, v, and w, respectively). Eq. 9 models the only Reynolds stress
involved in the analysis of a 2D turbulent boundary layer of a flow in the x-direction
parallel to a fixed wall. Boundary layers were the first area of endeavor in the numer-
ical solution of the RANS equations that eventually came to be called CFD. The eddy
viscosity u, in a turbulent boundary layer increases with distance from the wall in
accordance with Prandtl’s mixing length theory to very large multiples of the molec-
ular viscosity . Incidentally, the flow becomes laminar very near the wall, which is
the domain of the “laminar sublayer” in which u alone is operative per Eq. 1. Cebeci
and Smith, using algebraic equations for u, were successful in computing all the para-
meters of 2D turbulent boundary layers.'® Similar success was achieved by applying
this method to compute the pump disk friction, (see Table 3 of Section 2.1.1,) wherein
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the skewed boundary layers on the impeller shrouds and adjacent casing walls required
two Reynolds stresses to be modeled at each point in the flow—both in terms of the
same value of u, at that point.* Later this u, model was modified by Baldwin and
Lomax in order to give it wider application.

b. Two-equation models for eddy viscosity. To apply CFD throughout the flow field
involves all of the Reynolds stresses appearing in Egs. 5 to 8, not just the one or two
of boundary layer flows. The algebraic eddy viscosity model is inadequate to this task
because the eddy viscosity really depends on the characteristics of the turbulence, pri-
marily the length scale or size of the turbulent eddies. Near the wall, in the boundary
layer, this length scale is known to increase with distance from the wall per the
Prandtl mixing length theory, and this is included in the algebraic eddy viscosity
model. Outside the boundary layer, where the flow behavior can range from friction-
less to separated and recirculating, two equations are solved to determine the eddy
viscosity. The quickest and most useful method of this kind is called the - model. The
Jones-Launder version of this model is described by Lakshminarayana and is briefly
summarized here.’2 The eddy viscosity is modeled as

(7=%)
u = uCe R; (10)

where R; is the turbulence Reynolds number

Ry =22 (11
r= )
and where % is the kinetic energy of the turbulence

k=5 (w? + P + wP) (12)

and ¢ is the turbulent energy dissipation rate or dissipation power due to the action
of viscous stresses.

k i found from a kinetic energy (KE) equation derived from the Navier-Stokes equa-
tion for each instantaneous velocity component. This KE transport equation equates
the convection of the turbulent kinetic energy k£ to the diffusion of the turbulence due
both to the fluctuations of pressure and velocity and to the dissipation.

£ is found from another equation derived from the Navier-Stokes equations. This
resulting transport equation equates the convection of ¢ to the sum of (a} turbulence
production, (b) diffusive transport of the turbulence, and (c) viscous destruction of the
turbulence.

For incompressible flow, these latter two transport equations for £ and ¢, together with
Eq. 10 for the eddy viscosity are solved simultaneously for the mean velocities, %, ¢, and the
Reynolds stresses. Finally, with this information, the solution of the RANS equations for
the turbulent flow field is accomplished.

In summary, it can be seen that the two-equation model is far more involved in both
concept and execution than is the algebraic eddy viscosity model. However, this method
and some variants of it such as the k- model have been remarkably successful in pre-
dicting both the velocity fields and the performance characteristic curves of pumps, includ-
ing head, efficiency and NPSH effects. Moreover its popularity has been the focus of much
testing, correlation with experiment and improvement by CFD researchers.

While even more complex turbulence modeling and solution procedures have been and
continue to be developed, these require more transport equations to be solved and assump-
tions to be made about constants and other parameters appearing in them. The “feel” that
the simpler and practical models described here give the user-—as illustrated by the origi-
nal eddy viscosity concept—is lost to the practicing pump engineer who wishes to use CFD
as a practical tool. In short, the k- model remains the quickest and most useful choice.
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Solving the Equations The ways of dealing with the Reynolds stress terms in the
RANS equations having been described, the next step is to obtain the solution of the sys-
tems of equations involved. This cannot be accomplished in closed mathematical form,
except in some special cases as was illustrated in Egs. 1 to 3 for 2D laminar gap flow.
Rather, numerical methods are employed to obtain the values of the velocity components
and pressure at all desired points in the flow field. The steps in obtaining such numeri-
cal solutions are as follows:

1. Discretization of the equations. The differential equations; namely, Eq. 5 to 8, as well
as the eddy viscosity and transport equations if any, are changed into algebraic
equations by expressing each derivative in finite-difference form, For example, the
derivative du/dy in Eq. 1 is represented by the ratio of the difference in the velocity
u between two points in the flow field to the difference in the position y between those
two points, namely one at y = & on the moving plate for which u = U/ and the other
aty = 0 on the fixed plate where u = 0

du U-0
dy " 5-0 (13
where the right-hand side of this expression is the finite-difference form of the deriv-
ative du/dy in this particular case. However, in general, finite differences are approx-
imations for actual values of the derivatives they represent. Moreover, discretization
can have different levels or orders of accuracy depending on the numerical scheme
being utilized. Laksminarayana gives a description of these orders of accuracy.i?

2. Meshing the computational domain. Accurate representation of a derivative by its
equivalent finite-difference expression requires a closely spaced mesh or “grid” of
points throughout the domain of interest, especially in the zones where the derivatives
are expected to be large or rapidly varying. The impeller in Figure 1 is shown meshed
with a grid of 62,000 points or nodes per passage,’ a total that would result from about
25 points from hub to shroud and from blade to blade at each of 100 stations in the
streamwise direction, including suitable extensions of the passage upstream and
downstream to points where known boundary conditions can be imposed on the prob-
lem. CFD codes are available with grid generators that work with geometric design
information in the form of 2D digitized drawings or three dimensional (3D} solid mod-
els to create the complete array of computational elements (bounded by the nodes or
points) which are suitably shaped for optimum numerical stability during iterative
computations of the solution.

Today it is not uncommon for a CFD mesh to contain an order of magnitude more
nodes than were used to analyze one passage of the impeller of Figure 1. However,
many more nodes than this is still a challenge in terms of computer time and power. Yet
the earlier very successful turbulent boundary layer work dealt with a mesh of 500 or
more points in the y-direction (normal to each wall), although with far fewer in the
streamwise x-direction. Moreover, the spacing of these y-points was decreased as the
wall was approached, which is essential in order to properly model the very thin sub-
layer near the wall and so to deduce the correct shear stress at the wall.’*!¢ Such a high
density of grid points near wall boundaries together with the meshing requirements of
a whole passage or the combined passages of the inlet, impeller, volute or diffuser, and
crossover is still not feasible; so, CFD codes usually include known “wall functions” such
as the turbulent “log law of the wall” related to Prandl’s mixing length theory and suit-
able representations of the laminar sublayer in the near-wall regions instead.

3. Iterative computation of the solution. Next, the appropriate boundary conditions for
velocity components and pressure are imposed at the solid boundaries and the
upstream and downstream throughflow boundaries. These are specified to be consis-
tent with the number of unknowns and what is known at boundaries; for example, the
velocity of the fluid at a solid boundary is generally zero relative to that boundary.
Commercial CFD codes provide directions in this and many other aspects of their use.
Initial values of all the variables are assigned to the nodes, and the algebraic system
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FIGURE 1 Centrifugal pump impeller of single-stage end-suction pump with a design specific speed N, of 1500
(£1, = 0.55}, showing mesh for CFD analysis
Source: Reference 5 (International Pump Users Symposium, sponsored by Texas A&M University),

of equations is solved by iterating the values of the variables at each node until
convergence on a set of values that satisfies the equations at all points is achieved
within an acceptable margin of error. A variety of schemes for performing these itera-
tions is employed such as (a) “marching” through the nodes in a prescribed order and
assigning improved values at every point, such values themselves being obtained
through algorithms that bring them closer to satisfying the equations; or (b) “relax-
ation” or making improvements first at the nodes where the errors are largest, or
some combination of these and other approaches known to be suitable for the geome-
tries and character of the expected solutions.

4. Approximations employed in the computations. Ideally, the CFD analysis of a pump
should include all the terms of Eqs. 5 to 9 together with a level of turbulence model-
ing sophistication for the Reynolds stresses that is known to give results to the desired
degree of accuracy. Required here is a sufficient number of nodes in both the station-
ary and rotating components of the entire machine from upstream of the inlet to
downstream of the discharge port. This includes the unsteady terms, namely the
derivatives with respect to time.

a. Steady flow in single components. All of the above has indeed been done on multi-
stage machines in research institutions. However, as mentioned in the introduction,
early CFD work on pumps concentrated on steady-flow solutions (time-derivatives
set to zero) for one component, especially the impeller. Moreover, such solutions were
done for only one of the passages. This saved computer time and avoided the com-
plexities of properly describing the flow across the interfaces between stationary
and moving grids, and the results were surprisingly good.?>” For example, the total
impeller head for the impeller of Figure 1 is shown in Figure 2 to be reasonably
accurate over a wide range of flow rate from 25 to 100% of that at BEP.
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FIGURE 2 CFD prediction of total head compared to test results for the impeller of Figure 1
Source: Reference 5.

b. Steady flow in multiple components. The next step in complexity, while still avoiding
unsteady computations, was to circumferentially average the flow variables at the
interfaces between the rotating and fixed components. For example, this approach
was utilized for the rotor-stator interface in the analysis of a mixed-flow diffuser
pump® and an axial-flow water-jet pump® with mixed results on the accuracy of stage
head and power consumption. However in ancther case, such averaging was avoided
by freezing the impeller of a boiler feed pump stage relative to the volute and the inlet-
plus-crossover passage. Moreover, all three components, including all of the impeller
passages were included in the computational domain, which had a total of 276,352
nodes. This method, although for steady flow, preserved the recirculating flow pat-
terns at the interfaces and resulted in the prediction of overall stage head at shutoff
and at flow rates from 80 to 120% of BEP within 5% of the measured head on test.®

8. Enhancements for greater accuracy. Unsteady RANS solutions provide more accurate
predictions of the flow field than the above steady-flow approximations. Yet, extensive
experience with two-equation eddy viscosity models has led to advanced computa-
tional methods for further improvements of accuracy in the prediction of unsteady
flow effects and losses and therefore of the overall pump performance curves. These
are known as Large Eddy Simulation (LES); Hybrid RANS-LES, which can include
the so-called Detached Eddy Simulation (DES) method; and, ultimately, Direct
Numerical Simulation (DNS). Unsteady-flow computations are a feature of these
enhancements, all of which require the computing power of parallel processing. Briefly
these methods are described as follows.

a. LES. The basis of LES models is that fluctuations in the inertial regime, where tur-
bulence production occurs and are characterized by a relatively large length scale,
need to be resolved inherently by the numerical procedure. In contrast, turbulent
eddies that have very small length scales and are primarily dissipative in nature
may be modeled. Thus the grid size is chosen to be fine enough that the cell dimen-
sions are smaller than the “large” inertial scales, while turbulent scales smaller
than the cell size are modeled with so-called “sub-grid” turbulence models. For
instance in wakes and other areas of turbulent mixing, especially at high Reynolds
numbers, the large unsteady vortical structures as illustrated in the famous image
by Brown and Roshko®® for a mixing layer are computed as part of the unsteady
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solution procedure while the fine-grain turbulent dissipation is modeled. The “sub-
grid” turbulent viscosity u. is low in these regions, sometimes as small as 10 to
20 times the molecular viscosity u (also called the laminar viscosity ;) since it only
represents the fraction of turbulent energy that is not being resolved by the calcu-
lation. In contrast, the turbulent viscosity in a RANS model represents the entire
turbulent spectrum and may be very large (order of 3000 to 4000 times p,). One
drawback of the LES framework is that the meshes become very large (small grid
spacings), and the calculations can become very expensive particularly for very
high Reynolds number flows where the dimension of the inertial length scale that
needs to be resolved becomes smaller with increasing Reynolds number.

b. Hybrid RANS-LES or DES methods. The sheer size and computational expense of
using LES methods for large scale, complex 3D applications has necessitated the
development of this more practical procedure. The philosophy here is to use a fine
LES quality grid in specific regions of the flow where unsteady effects may be expected
to dominate while using a coarser RANS grid in other more benign regions. For
example, in a mixing layer an LES quality grid would be used in the vicinity of the
shear layer encompassing the vortical structures while a coarse RANS grid would be
used elsewhere, Many different procedures to smoothly blend the variation of n, as
we cross the interface from a fine cell in the LES region to a coarse cell in the RANS
region have been developed. One of the more popular blending methods is the DES
method that has been extensively used in the modeling of separated flows.

¢. DNS, To avoid uncertainties about the scale of the turbulence as well as the exact
locations of the corresponding regions of the flow field where the various scales
exist, the Navier-Stokes equations can be solved directly for the unsteady velocity
field. The grid for this DNS approach is extremely fine, and every turbulent length
scale is involved. This is the ultimate way of solving a turbulent flow field; however,
it is largely a theoretical concept and would command too much computer power to
be practical for pump engineers. Moreover, for Reynolds numbers—based on the
turbulent length scale—that are less than 1000, DNS is not practical.

6. Parallel computing. Ideally, increasing the number of processors—really individual
computers networked together and sharing the computational tasks—reduces the
costs, especially those of these enhanced computational methods. For example, it may
take a day to generate the grid of an impeller passage and another day to run a CFD
code and obtain a solution for it. In a fully unsteady computation, all the impeller pas-
sages are involved, and the number of processors should increase directly with the
number of passages. Further, for multistage machines, the number of processors is
found by multiplying their quantity for one stage by the number of rotor-stator combi-
nations. More than 200 processors are required to perform unsteady flow calculations
for a complete pump stage in the Hybrid RANS-LES mode. The computations are
accomplished by transferring information for a component of the flow field, such as a
rotor or rotor passage, to a waiting processor. Any disparity in the time required to com-
pute the domain of a single component and that of another is termed “latency” because
of the inaction of the waiting processors. Latency produces inefficiency in balancing the
computational load across the various components. And latency, combined with ineffi-
ciencies in transferring information among the processors can lead to “saturation” or no
improvement in computational speed, which in turn limits the maximum number of
processors for the same grid and results in greater cost or “overhead.” From this dis-
cussion it can be seen that, while solving steady problems using the coarse meshes
associated with RANS solvers requires basic computer resources, unsteady problems
of large size using the above enhanced methods and solved with parallel processing
require significant investment in computer resources and system administration.

OPTIMIZING THE HYDRAULIC DESIGN

Widespread acceptance of commercial CFD codes by the fluids engineering community
in the product design process is the result of the extensive developnﬁgéﬂqq %HQ%?P&%N Page 131
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with this valuable tool as outlined above, CFD codes and the computers on which they
run are taking the place of the traditional upfront laboratory testing phase of the pump
hydraulic development process. Here, the assumptions of steady flow and circumferen-
tial averaging across interfaces between rotating and stationary members are adequate
to the purpose. The resulting rapid approximate CFD solutions enable engineers to more
quickly sort out ideas and to identify and focus on areas of improvement of these pump
hydraulic components.

Inlet Passageways Inlet passageways or “suction approach bays” that are integral to
pump casings—for example, between-bearings pumps as illustrated in Section 2.2.1—
receive the incoming fluid in a plane normal to the shaft and then redirect the fluid axi-
ally into the eye of the impeller, simultaneously distributing it circumferentially. An
incoming radial conduit on many multistage pumps, this passageway is essentially an
elbow discharging into the first-stage impeller eye. Such asymmetric inlet passageways
can create major circumferential and radial distortions of the fluid entering the impeller,
producing losses, cavitation, and pump vibration. Similarly, the crossover passageways on
multistage pumps can deliver poor flow to the subsequent stages of multistage pumps.*®
Because of its complex geometry, the suction approach bay can be one of the most chal-
lenging components for the hydraulic designer; and 3D flow analysis is essential in order
to get any idea at all about the flow field approaching the impeller. This was clearly
demonstrated with an early CFD-like finite-element code for the case of a low-loss double-
suction pump bay. The viscous stresses were not computed; and this omission fortunately
had little influence on that particular flow field, which agreed well with experimental
measurements,’’

Impellers Impellers were the first major focus of CFD-based optimization, because, as
the energy transfer agent, an impeller (or inducer) has a major impact on overall pump
performance. Q3D had been an effective analytical tool for judging the flow field.?? The
objective was to design blading that could carry the load without separating the flow and
suffering the consequent mixing losses, while minimizing skin friction losses. Q3D was
basically an inviseid analysis method, to which empirically based loss expressions could
be added. Among the primary outputs were the distributions of the local free-stream
velocity W relative to the blade surfaces, which are related to the static pressure distri-
butions p on the blades through the Bernoulli equation in terms of W and p at succes-
sive meridional positions through the impeller from inlet to exit, as illustrated in
Figures 17 and 29 and approximated by Eq. 54 of Section 2.1.1. The diffusion or “D” fac-
tors (Egs. 57 to 59 and computed on Figure 29 of Section 2.1.1) were not supposed to
exceed experiential values that were guided by the limits established by NACA for main-
taining lift on airfoils by avoiding separation. However, CFD solutions compute all the
losses, thereby removing the uncertainties in applying the D-factor empiricism. Never-
theless, some impeller analysts using CFD still require outputs for the equivalent static
pressure distributions on the blades—as an aid to interpretation of the fluid behavior
and the optimization of the impeller hydraulic design.**® Moreover, in this CFD-assisted
optimization process, the complexity and interrelation of the losses can reveal the need
for subtle modifications in the blade shapes. In this regard, the spanwise distribution of
the inlet angle and leading edge shape of the impeller blades must be optimized with
respect to possible distortion of the flow entering from the inlet passageway. If needed,
this is possible by coupling at least these two components in an unsteady analysis that
preserves the circumferential flow distortions on the interface between the stationary
inlet and rotating impeller grids. Such distortions, as stated earlier, can have a profound
effect on the incidence losses of the impeller and unsteadiness arising from suction
recirculation.®

Diffusers Substantially diffusing flows are well known to be distorted and unsteady. 1D
analysis is impossible due to the unsteady blockages of boundary layers and wakes in var-
ious stages of incipient separation and stall even in the neighborhood of the BEP of the
pump. Thus, in the design description of vaned diffusers in Section 2.1.1, all that can be
offered by way of performance prediction are references to experimental diffuser data. As

the flow rate is reduced below the design-point value, the stall patterns in vaned diffusers
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intensify until rotating stall appears. CFD analysis of vaned diffusers, both isolated and
coupled with an impeller, has reproduced these complex flow phenomena; indicated the
effect of the proximity of the impeller blades to the diffuser vanes (called “Gap B” in
Section 2.1.1) on the rotating stall; and provided diffuser performance predictions, These
computations also illustrated the influence that recirculating flow from the diffuser into
the impeller has on impeller flows at the low flow rates associated with rotating stall pat-
terns and frequencies in both impeller and vaned diffuser.® Similarly, vaneless diffusers
can develop stall patterns that influence impeller flow stability and so are prime candi-
dates for unsteady CFD analysis, particularly when coupled to the impeller. An unsteady-
flow study of such a pump, using k-w turbulence modeling, revealed that this geometry
produced disturbances of the jet-wake impeller flow patterns. These in turn caused peri-
odic fluctuations of velocity and pressure that gave insight into the relation of such fluc-
tuations to experimental acoustic measurements of the flow.’®

Volutes The influence of the volute sizing and design on volute pump performance
and the circumferential pressure distribution around the impeller is discussed in
Section 2.1.1. Experimental data for the resulting radial thrust magnitude and direction
on the impeller is given for a typical pump in Section 2.1.3 as a function of the flow rate
relative to BEP. Thus, it is expected that the volute affects the impeller flow field and per-
formance and vice versa, and that a meaningful CFD solution of a volute must be done
with it properly coupled to the impeller. This was done in the frozen-flow computation of
the previously mentioned multistage boiler feed pump, in which the crossover-and-inlet
passage were also included,® While not truly unsteady, this solution produced the effect
on the impeller and total pump performance of the circumferential pressure variation in
the volute which developed at the lower flow rates that were analyzed. However, in the
mid-flow range, there was some disparity between the predicted and experimental values
of overall pump total head which might not occur for the predictions of a truly unsteady
CFD solution.

PREDICTING PERFORMANCE

There are two main uses of CFD with regard to predicting overall pump performance,
namely, (a) as part of the hydraulic design optimization process and (b) for presentation of
pump characteristics of high accuracy for purchasers and users of pumps.

Predictions During the Design Process Steady-flow CFD is used to rapidly obtain
reasonable approximations to the complete set of performance curves of a new pump
hydraulic design. This is a step that is revisited frequently during an interactive design
process. Such use is especially appreciated when designing variable geometry machines,
as for example the axial flow pump of Reference 19, for which a unique set of performance
curves exists for each setting of a row of inlet guide vanes. In this case the authors com-
puted the desired range of performances by utilizing a commercial CFD code in the steady-
flow mode and using circumferential averages of the velocities and pressure at the
interface between the guide vanes and the impeller.!®

Head and Efficlency versus Flow Rate As the vision for CFD usage moves beyond
the optimization of hydraulic components, the degree to which such predictions approxi-
mate the actual test curves has become an increasingly visible metric for judging the effec-
tiveness of this computational tool. Instances of steady-flow CFD solutions producing
accurate results for total developed head and power—and, therefore, efficiency—of pumps
in the neighborhood of the BEP have been cited in the foregoing discussions.®? As will be
seen below, unsteady LES and Hybrid RANS-LES solutions consistently achieve near-
perfect duplication of test results, not only at BEP but at other flow rates as well. This
includes NPSHR versus flow rate, a topic which, for clarity, has so far been omitted from
this CFD presentation; however, the additions to the codes that are required for CFD to
deal with cavitation will now be described.

LIBERTY EXHIBIT 1017, Page 133



2.1.2 CFD ANALYSIS OF FLOW AND PERFORMANCE 2.109

CAVITATION AND TWO-PHASE FLOW

Modeling Cavitation and Two-Phase Flow In the computation of the performance of
the variable-geometry pump mentioned above, the authors also computed the curve of
NPSHR versus flow rate for each guide-vane setting.’® Indeed, commercial CFD codes now
possess this capability, which entails computation of the vapor cavity volumes that exist
within the impeller when operating at conditions where the NPSH available is less than
that of cavitation inception, NPSH, (see definition and descriptions in Sections 2.1.1 and
2.1.3.) As reviewed by Sloteman et al in Reference 20, the methods of accounting for cav-
itating flows in CFD codes began by establishing the domains of the vapor or gas cavities
known to exist under such conditions; (see Figure 40 in Section 2.1.1 and Figure
24 in Section 12.5.) The cavities were treated as solid blockages whose extent and shape
were “tracked” iteratively until their interfaces with the neighboring liquid had a uniform
static pressure p that was equal to the vapor pressure p,. The additional codes required
to do this were eventually eliminated in favor of a constant-enthalpy vaporization model
embedded in the RANS code, and that then evolved into a volume-of-fluid (VOF) modet
which combined the Rayleigh-Plesset bubble-growth equation with an accounting for the
presence of noncondensable gases, such as air, in the fluid. Thermal equilibrium among
the phases is assumed. This VOF model involves greater complexity in the equations but
has worked well.

Cavitation Performance at the Design Point Commercial CFD codes embodying this
cavitation model are now being applied in the pump industry to determine the NPSHR
capability and two-phase behavior of centrifugal pumps and inducers. This had been read-
ily accomplished at the design point, which usually does not involve backflow from the inlet.

1. Centrifugal pump cavitation. Applied to a boiler feed pump impeller with vapor cavities
trailing off the leading edges of the blades, a commercial CFD code using a two-phase
VOF model under the steady-flow approximation produced the cavity shown in Figure 3,
which is seen to compare closely with the corresponding experimentally observed
cavity from a laboratory flow visualization test.?® As illustrated in Figure 4, the code
was applied at each of four levels of NPSH as expressed in terms of the dimensionless

~ |mpeller blade leading edge

(3
{ o
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Cavity length
o LTI, % 7

FIGURE 3 Comparison of suction surface cavity prediction with observations of the flow in a high-energy boiler-
feed-pump impeller. The impeller blade on the left is operating near its design flow rate with a substantial sheet
cavity. The plot at the right shows the vapor volume fraction computed with a two-phase CFD code.

Source: Reference 20 {(International Pump Users Symposium, sponsored by Texas A&M University).
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FIGURE 4 Suction performance of boiler feed pump at design flow rate compared to prediction via two-phase CFD,
Illustrated at points along the curve of head versus cavitation coefficient r (dimensionless NPSH) are the
boundaries defined by a cavity region containing more than 10% vapor by volume. As is commonly observed, at
NPSH 3% (i.e., for head dropping off by 3% of its noncavitating value) the cavity extends back to the throat

formed by the adjacent blade.

Source: Reference 20.

quantity 7 = 2gNPSH/U?Z 7 ranged from 0.65 (somewhat below visual inception at 7,)
to 0.20 at the 3% break-off point, where the pump stage liquid head had deteriorated
to 97% of its noncavitating value. Comparison of computed and observed bubble
lengths at each 7-point are shown. More impressive is the virtual duplication of the
Head-versus-NSPH test curve of Figure 4 by the CFD solution. These results afford a
quantitative validation of the two-phase CFD code that was used.?

2. Inducer cavitation. The axial-flow helical inducer that is used for high suction specific
speed (NV,, or (},) applications such as rocket propulsion pumps (as described in
Section 12.18.2) achieves its large design value of N with extensive cavitation activ-
ity present within the internal flow field. As such, the truly meaningful hydraulic
analysis of an inducer includes both single- and two-phase flows. Figure 5 shows a typ-
ical inducer meshed for CFD analysis. The head-versus-N,, curve at the design point
for a three-bladed inducer similar to this one was generated in the steady-flow appli-
cation of a commercial CFD code with advanced cavitation modeling. The computa-
tions produced the simulated increase in blockage of the passages by vapor and the
attendant progressive unloading of the inducer blades downstream of their leading
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FIGURE 5 Inducer meshed for LES-type CFD analysis, This test inducer is similar to one used in a rocket engine
liquid oxygen turbopump, [t has three blades and an inlet blade angle at the tip of 7.5 degrees. Design flow inlet
flow coeffient ¢, = 0.078.

Source: Reference 25 (ASME).

edges as NV, is increased (7 decreased), which is associated with head breakdown in
these machines. Moreover, the CFD results for head versus N,, agreed closely with
experimental data for the whole range of NPSH to breakdown, which was a significant
accomplishment in view of the large volumes of vapor involved. The cavitation mod-
eling that was contained in this CFD code was thus validated for inducers, at least at
the design point.?! Other inducer investigations have been carried out, one of which
was unsteady and revealed rotating alternate-blade cavitation in a four-bladed
inducer.?? An extensive experimental and analytical study of three inducers using the
same CFD code as for the pump of Reference 20 (and in the steady-flow mode as well),
produced three head-versus-NPSH curves for each inducer. Although computations
were made at about 70% and 114% in addition to 100% of design flow coefficient, there
was less agreement with experimental data than was realized in the pump case.?

Off-Design Flows In inducers Recirculation and backflow, as discussed in Sections 2.1.1
and 2.1.3, develop at flow rates reduced below the design point or BEP of a pump. For an
inducer, which typically has an inlet eye diameter equal to its exit diameter, this off-design
phenomenon sets in at flow rates not far below the BEP. As cavitation is usually present
in inducers, they are known to develop extensive, highly complex, unsteady, cavitating
flows under such conditions.?* (Figure 41 in Section 2.1.1 and Figure 22 in Section 12.5
visualize such off-design two-phase, recirculating flows within impellers. Note the breakup
of the cavities.) Therefore inducers are a logical focus of researchers trying to achieve
agreement of two-phase CFD predictions with experimental data over the whole flow range
from shutoff to runout.

1. Single-phase CFD solution for backflow. One approach in tackling this problem was
the single-phase, unsteady CFD analysis of the inducer of Figure 5, which shows the
mesh used for the LES solution that was conducted.?” The solution was developed over
a period corresponding to 40 to 55 revolutions of the inducer. Near-perfect agreement
with experiment of the predicted developed-head performance was obtained as shown
in Figure 6. The design flow coefficient ¢, was 0.078; so, ¢ ranged from 64 to 136% of ¢,.
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FIGURE 6 Comparison of CFD predictions of static pressure with experimental results for the test inducer of
Figure 5 on water. Excellent agreement was achieved.
Source; Reference 25 (ASME).

The authors reported that backflow out of the inlet eye (left side of Figure 5) existed
at 90% or ¢ = 0.070, and they computed the pattern illustrated in Figure 7 at ¢ =
0.060 (= 77% of ¢,). Corresponding to a high-NPSH condition, the intensity and
extent of this backflow would be less at the more typical values of NPSH available to
inducers, because the leading portions of the blades of an inducer tend to unload in
the presence of the large volumes of vapor existing at low NPSH.*

2. Single- and Two-phase CFD solutions with backflow. As a further step in validating
the unsteady Hybrid RANS-LES two-phase CFD code that was employed for the
design-point study of Reference 21, a solution of the noncavitating backflow field was
also computed for the low-pressure fuel turbopump or LPFTP on the space shuttle
main engine (see Figure 3 and Table 1 of Section 12.18.2).% Computed at 70% of ¢,,
the resulting upstream velocity field is presented in Figures 8 and 9. Figure 8 shows
the concentration of the swirling backflow near the OD of the inlet duct, whereas the
nonswirling incoming fluid is mainly at the axis of rotation. Figure 9 shows that in the
region of intense interaction of these flows the turbulent viscosity w, is thousands of
times greater than the laminar or molecular viscosity u, (or simply u,) whereas u, van-
ishes outside the interaction zone. Comparison of the velocity results of Figure 8 with
experimental data was made at three upstream planes, as shown in Figures 10 and 11
for the swirl and axial components, respectively. The next step was to utilize the
advanced cavitation modeling feature, and this was done at 90% of ¢,, at which con-
dition rotating modes of cavitation were computed. This enabled quantification of the
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FIGURE 7 Backflow from the test inducer of Figure 5, computed at an inlet flow coefficient ¢, = 0.06 after 55
revolutions. Illustrated is the backflow vortex at the shear layer between the incoming main flow and the swirling
backflow.

Source: Reference 25 (ASME).

consequent radial loads that could have adverse mechanical consequences during
operation at this condition. Both the computed frequency and amplitude of this insta-
bility agreed with experimental observations.

Thermodynamic Effects on Cavitation Performance Necessarily built in to the cav-
itation models of two-phase CFD codes is the effect of the fluid thermodynamic properties

Vianabs
-8 -6 -4 -2 0

FIGURE § Backflow from the Space Shuttie Main Engine Low Pressure Fuel Pump (SSME LPPP) inducer, showing
meridional (uvel) and swirl (vtanabs) velocity contours for 70% of design flow rate. The affected region extends well
upstream of the pump, which is on the right.

Source: Reference 26 (AIAA).
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FIGURE 9 Backflow from the SSME LPPP inducer, showing static pressure p in psi (bar = psi/14.504) and

turbulent viscosity ur contours for 70% of design flow rate. py vanishes upstream of the region of interaction of the

swirling backflow near the OD of the axial inlet pipe with the incoming (nonswirling) flow along the axis of

rotation. uy is shown here as the ratio uy/w, which is in the thousands in the highly turbulent interaction region.
Source: Reference 26 (AIAA).

involved in the vaporization process for computing the effects of cavitation. At points in
the flow field where the static pressure drops below the vapor pressure, the liquid cools
locally as the vapor forms, essentially by a constant-enthalpy or nearly constant-entropy
process, as was alluded to in the above explanation of cavitation modeling.?® Thus the heat
of vaporization and the densities of the vapor and liquid all influence the volume of gas
that appears in the flow for a given volume of liquid that is vaporized. Explained in
Section 2.1.1 under NPSH Effects, this becomes important if the fluid is near its critical
point, as are the cryogenic liquids encountered in liquid rocket propulsion systems, namely
hydrogen and oxygen; (Section 12.18.2.) Inducers are generally deployed in such systems.
Liquid hydrogen produces orders of magnitude less vapor volume for a given volume of
liquid vaporized than does cold water. An early attempt to quantify the thermodynamic
effect on the NPSH-capability of pumps was a Q3D-type inducer analysis code which con-
tained a constant-entropy vaporization model as a point function of the pressure in the
flow field.?” That code successfully approximated this effect on breakdown NPSHR but not
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FIGURE 10 Comparisons of swirl velocity profiles with experimental data for the SSME LPPP inducer at three
upstream planes, namely 0.29D (the 700 plane), 0.49D (the 500 plane), and 0.99D (the 300 plane). On the left (a)
are the results for 90% of design flow rate; and, on the right (b), for 70% of design flow rate.

Source: Reference 26 (AIAA).
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FIGURE 11 Comparisons of axial velocity profiles with experimental data for the SSME LPPP inducer at the
same three upstream planes as in Figure 10. On the left (&) are the results for 90% of design flow rate; and, on the
right (b), for 70% of design flow rate,

Source: Reference 26 (ATAA).

the shape of the fall-off curve of head versus NPSH. Initial efforts at validation of a cur-
rent two-phase CFD code with respect to this effect consisted in successfully replicating
the vapor cavity configurations and pressures observed in experiments with flows of cav-
itating liquid nitrogen and oxygen past bluff bodies.?*?* Stmulation of the effect on inducer
head versus N,, was achieved for liquid oxygen in a comparison to that of water.”® Exten-
sive experiments in liquid hydrogen and water by NASA on the 8 degree (inlet tip blade
angle) of Figure 12 were then simulated with the same Hybrid RANS-LES code men-
tioned above in both fluids.3® In Figure 13, results for the head breakdown in liquid hydro-
gen computed at the design flow coefficient ¢, = 0.072 are compared with test data taken
at ¢ = 0.072, 0.074, and 0.075. Results displayed extreme sensitivity to even slight
changes in liquid temperature and flow coefficient, and it is believed that uncertainties
in the measurement of test temperature and flow coefficient, including variations during

FIGURE 12 NASA 6-degree flat-plate inducer, tested in water and in liquid hydrogen at various temperatures at
the NASA Glenn facility between 1964 and 1970.
Source: Reference 30 (JPP),
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FIGURE 13 Suction performance of the NASA 6-degree inducer of Figure 12 in liquid hydrogen at 20,000 rpm
and a temperature T of 20.55K (—423°F), comparing three sets of test results with computed CFD data. Flow rate
at the design flow coefficient ¢, = 0.072 was 1436 gpm (326 m%h). The test flow coefficient varied slightly, the
greater value of ¢ producing the expected greater value of NPSH at head breakdown. (m = ft X 0.3048).

Source: Reference 30 (JPP).

each test run, are of the order of the difference between CFD and experiment at ¢ = 0.072.
And the CFD curve is conservative with respect to the test curve at ¢ = 0.072. Moreover,
the slightly lower temperature for the experimental data for ¢ = 0.074 appears to bring
its results for breakdown NPSH closer to the predicted values at ¢ = 0,072, Finally, in
Figure 14, the comparison of the CFD-predicted suction specific speed (N, or (1, or
NPSHR capability of this inducer in liquid hydrogen to that of water is dramatic but
expected from the NASA tests to which the CFD results were compared.®

CONCLUSIONS

Computational Fluid Dynamics, or CFD, is the computerized numerical solution of the
fundamental equations of motion of fluids throughout the domain of the passageways,
both rotating and stationary, of a pump—either taken together or as separate components.
Usually CFD involves solutions of the Reynolds-averaged Navier-Stokes equations (RANS
equations) which contain the products of the fluctuating velocity components called
Reynolds stresses. The success of CFD has depended on the relationships that represent
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FIGURE 14 Comparison of curves of head-versus-suction specific speed N,, of the NASA 6-degree inducer of
Figure 12 pumping water at 300K (80°F) and liquid hydrogen at 20.55K (—-423°F) as computed via CFD ({},, =
N,/2733).

Source: Reference 30 (JPP).

these stresses and is called turbulence modeling. The most popular turbulence model cur-
rently in use is called the k- model, which expresses the eddy viscosity of the turbulence
in terms of the turbulence kinetic energy % and the turbulent dissipation ¢. Improvements
and variations on this model to provide greater accuracy in simulation of actual flows exist
and will continue to appear. To this model has been added the treatment of cavitation and
two-phase flow that is needed to cover the gamut of pump flows. Methods of solution to
increase accuracy in wakes and other areas of separated flows include large eddy simula-
tion (LES) and Hybrid RANS-LES. Both steady flow and fully unsteady flow solutions can
be obtained, the latter taking the most time, especially if LES is involved. Steady-flow
CFD solutions take less time and can give useful information; however, precision and accu-
racy of time-varying velocities and pressures require fully unsteady computations. These
are done with commercially available CFD codes running on multiple computers in a par-
allel processing mode.

The use of CFD in both the development and prediction of performance and the related
operational features of the flow field velocities and pressures, both steady and fluctuating,
has proven to be reliable and even essential for pump engineers, designers and users.
Included are all flow rates from shutoff to runout, NPSH levels from inception to break-
down in liquids both close to and far from their thermodynamic critical points.
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Head has been predicted to within experimental uncertainties at shutoff and from flow
rates at least as low as 64% of BEP and at least as great at 136%. At all flow rates, pre-
dictions of both performance and flow patterns and instabilities, including domains of
backflow, show the character of these phenomena with remarkable accuracy.

Inducers have been the vehicle for improving and validating both single- and two-
phase CFD codes, as they have extensive zones of backflow and vapor due to cavitation.
Such work has been successful and has created confidence that CFD is reliable for the
more traditional and ubiquitous pumping configurations.

Applicability of CFD to any flow problem indicates that its use to define the operational
behavior of systems in which pumps are installed should be as reliable as it has proven to
be in turbomachinery and pumps and inducers in particular. Moreover, CFD solutions of
the flow fields in system elements such as intake sumps, manifolds and the variety of suc-
tion piping configurations can function as the same aid to the system design process as has
been described for pump internals.

CFD is creating a vision for the future. More computing power will lead to wider
demand for and use of unsteady solutions, including LES and, perhaps, ultimately, direct
numerical solution of the Navier-Stokes equations in terms of the instantaneous velocities
and pressures. Already, development of pumps in some locations is proceeding on the basis
of CFD alone—without benefit of development testing. Acceptance testing, however, will
always be required.
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2.1.3
CENTRIFUGAL PUMPS:
HYDRAULIC PERFORMANCE
AND BEHAVIOR

C. P.KITTREDGE
PAUL COOPER
WARREN H. FRASER

DEFINITIONS

Nomenclature Many of the quantities involved in this section are also dealt with in Sec-
tion 2.1.1. Therefore, a single nomenclature that applies to both sections appears at the
beginning of Section 2.1.1. Differences in notation exist for some of these quantities as a
result of the coexistence of different traditions and pump cultures, so the nomenclature
shows the equivalence in each case. An example is the use in this section of “¢” and “w” to
denote absolute and relative velocity respectively, whereas the NASA system of capital
letters V and W is employed in Section 2.1.1.

Units The units used in this section are as defined in the nomenclature unless specifi-
cally noted in the text. In particular, the primary units for this section are those of the
U.S. Customary System (USCS). A distinction in USCS usage in this section is that the
pound force (1bf) is represented simply as “lb.” Conversions to SI units are given through-
out this section, or the actual equivalent SI values are given in parentheses,

However, the number appearing in parentheses after the USCS value of specific speed
n, is the equivalent value of the universal specific speed (),. Note that the value of specific
speed corresponding to the best efficiency point (BEP) operating conditions of the pump is
the value of interest and is often used to identify the impeller geometry involved.

Volume Flow Rate Abbreviated to “flow rate” and known traditionally as “pump capacity”
@, this is the volume of liquid per unit time delivered by the pump. In USCS units, @ is
expressed in U.S. gallons per minute or USgpm, for which the abbreviation “gpm” is used.
(1 US gallon = 231 in?)

Datum for Pump Head As defined in Eq. 3 and Figure 1 of Section 2.1.1, the total head
has components of pressure, velocity, and elevation Z (or Z,). Because pump head H (more

2121
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FIGURE 1A through C Elevation datum for defining pump head (Hydraulic Institute ANSI/HI 2000 Edition
Pump Standards, Reference 27)

precisely AH) is the difference of the total heads evaluated at the discharge flange d and
the suction flange s respectively, the elevation of the datum from which Z is measured
cancels out. However, for purposes of identification, computing NPSH, and so on, the stan-
dard datum as shown in Figure 1 is used.

The standard datum for horizontal-shaft pumps is a horizontal plane through the
centerline of the shaft (Figure la). For vertical-shaft pumps, the datum is a horizontal
plane through the entrance eye of the first-stage impeller (Figure 1b) if single suction or
through the centerline of the first stage impeller (Figure 1c) if double suction. Because
pump head is the difference between the discharge and suction heads, it is not necessary
that the standard datum be used, and any convenient datum may be selected for com-
puting the pump head.

Power In USCS, the pump output is customarily given as liquid horsepower (lhp) or as
water horsepower if water is the liquid pumped. It is given by

_ QH(sp. gr.)

thp = —3560 1)
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where @ is in gallons per minute, H is in feet, and sp. gr. is specific gravity. If @ is in cubic
feet per second, the equation becomes

lhp = @%‘f) (2)
In SI, the power P in watts (W) is given by
P = 9797QH (sp. gr.) (3)
where @ is in cubic meters per second and H is in meters.
When @ is in liters per second and H is in meters
P = 9.797QH (sp. gr.) (4)

Efficiency The pump efficiency 7 is the liquid horsepower divided by the power input
to the pump shaft. The latter usually is called the brake horsepower (bhp). The efficiency
may be expressed as a decimal or multiplied by 100 and expressed as percent. In this
section, the efficiency will always be the decimal value unless otherwise noted. Some pump
driver-units are so constructed that the actual power input to the pump is difficult or
impossible to obtain. Typical of these is the “canned” pump for volatile or dangerous lig-
uids. In such case, only an overail efficiency can be obtained. If the driver is an electric
motor, this is called the wire-to-liquid efficiency or, when water is the liquid pumped, the
wire-to-water efficiency.

CHARACTERISTIC CURVES

Pump with Nonviscous Flow and Zero Slip The basic shapes of centrifugal pump per-
formance characteristics arising from various geometries can be ascertained and compared
without the necessity of evaluating the slip, (Illustrated in Figure 15 of Section 2.1.1, the
slip phenomenon is explained in the related discussion?.) For this purpose, one employs the
artifice of nonviscous flow through an impeller with an infinite number of blades having
infinitesimal thickness and that therefore produce neither structural (geometric) nor flow
(boundary layer) blockage. The result is the ideal head for no slip or blockage H, as given
by Eq. 5 (cf. Eq. 15b of Section 2.1.1):

Uglug  UiCy1

H, =
& g

(5)

The velocity components in Eq. 5 can be seen in the velocity diagrams of Figure 2, slip
being neglected. Generally the inlet swirl term is small, and Eq. 5 can be approximated by

. H2Cu2

H, =
e =g (6)

As shown in Figure 2b, the absolute velocity vector ¢ may be resolved into the merid-
ional, or radial, velocity ¢,, and the peripheral velocity ¢,. From the geometry of the figure

Cma
Cug = Up — B, (7
which, substituted into Eq. 8, gives
2
Uz UgCrmy
H,=—- 8
° g gtanpf, ®
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FIGURE 2A and B Velocity diagrams for radial-flow impellers, neglecting slip and blockage

Neglecting leakage flow, the meridional velocity ¢,, must be proportional to the flow
rate @. With the additional assumption of constant impeller speed, Eq. 8 becomes

He = kl - sz (9)

in which %, and &, are constants, with the value of £, dependent on the value of the vane
angle 3, Figure 3 shows the H,—vs—@ characteristics for the three posaible conditions on
the vane angle at exit 8; The second right-hand term in Eq. 5 may be treated in like man-
ner to the foregoing and included in Eqgs. 8 and 9. The effect on Figure 3 would be to change
the value of H, = u2/g at @ = 0 and the slopes of the lines, but all head-flow rate charac-
teristics would remain straight lines.

~ B2 > 90°
Het ~
// RISING CHARACTERISTIC
-
! FLAT CHARACTERISTIC B,%90°
LT
STEEP CHARACTERISTIC
B,< 90°
0 .
0 Q

FIGURE 3 Head-versus-flow rate characteristics for nonviscous, zero-slip impeller flow
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Viscous Flow with Slip The real flow situation involves friction losses in an impeller
with a finite number of relatively widely spaced blades. Thus, slip occurs, reducing the
exit flow angle B;; below that of the blade 8, (or, more precisely, 8, ;), which in turn reduces
¢, (cf. Figure 15 of Section 2,1.1), Therefore, the ideal head H; drops below H,. Moreover,
losses and recirculation occur to cause additional deviation of pump head H from H,. While
CFD flow analysis can be employed to predict H with fair accuracy?, lesser means, such
as one-dimensional analysis, require experienced correlation and calibration skills to
make such predictions. Therefore, many engineers commonly depend on testing and
empirical modification of test results on the exact or similar geometry to make the final
determination of the performance characteristics of a pump. This effort involves constant-
speed plots of data as shown in the example of Figure 4.

Pumps are designed to operate at the point of best efficiency. The head, power, and flow
rate at best efficiency, often called the normal values, are indicated in this section by H,,
P, and @, respectively. Sometimes a pump may be operated continuously at a flow rate
slightly above or below @,. In such case, the actual operating point is called the rated or
guarantee point if the manufacturer specified this flow rate in the guarantee. It is unusual
to operate a pump continuously at a flow rate at which the efficiency is much below the
maximum value. Apart from the unfavorable economics, the pump may be severely dam-
aged by continued off-design operation, as described later.

Backward-Curved Blades, B, < 90° Figure 4 shows the characteristics of a double-
suction pump with backward-curved blades, 8, = 23°. The impeller discharged into a single
volute casing, and the specific speed was n, = 2200 ((), = 0.8) at best efficiency. At shutoff
(@ = 0), Eq. 8 predicts H, to be 372 ft (113 m), whereas the pump actually developed about
210 ft (64 m), and this head remained nearly constant for the range 0 < @ < 1000 gpm
(63 Vs). For @ > 1000 gpm (63 1/s), the head decreased with increasing flow rate but not in
the linear fashion predicted by Eq. 9. At best efficiency, where @, = 3200 gpm (202 Vs),
Eq. 8 predicts H, = 281 ft (86 m), whereas the pump actually developed H, = 164 ft (50 m).

Radial Blades, B, = 90° Large numbers of radial-blade pumps are used in many appli-
cations, from cellar drainers, cooling-water pumps for internal combustion engines, and
other applications where low first cost is more important than high efficiency to highly
engineered pumps designed for very high heads. The impellers are rarely more than 6 in

1 1 1 T T 1 T 1 1
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FIGURE 4 Typical pump characteristics, backward-curved blades (ft X 0.3048 = m; hp X 745.7 = W; gpm X
0.06309 = ls)
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(15 cm) in diameter, but the speed range may be from a few hundred to 30,000 rpm or more.
The casings usually are concentric with the impellers and have one or more discharge noz-
zles that act as diffusers. The impellers usually are open, with three or more flat blades.
The clearance between blades and casing is relatively large for easy assembly. Such pumps
exhibit a flat head-capacity curve from shutoff to approximately 75% of best efficiency flow
rate, and beyond this flow the head-flow curve is steep. The pumps develop a higher head,
up to 8000 ft (2400 m) per stage, than pumps with backward-curved blades, but the effi-
ciency of the former usually is lower. (See also Section 2.2.1.)

Figure 5 shows the characteristics of a pump as reported by Rupp.? The impeller was
fully shrouded, D = 5.25 in (13.3 cm), and fitted with 30 blades of varying length. The best
efficiency, n = 55%, was unusually high for the specific speed n, = 475 (0.174), as may be
seen from Figure 6. The head-flow curve showed a rising (unstable) characteristic for 0 <
& <25 gpm (1.6 I/s) and a steep characteristic for @ > 25 gpm (1.6 I/s).

Figure 7 shows the characteristics of a pump as reported by Barske.* The impeller was
open, D ~ 3 in (7.6 cm), and fitted with six radial tapered blades. The effective 8, may have
been slightly greater than 90° due to the taper. At 30,000 rpm, the best efficiency was more
than 35% at n, = 355 (0.130), which is much higher than for a conventional pump of this
specific speed and flow rate (Figure 6). The head-flow curve showed a nearly flat charac-
teristic over most of the usable range, as predicted by Eq. 8, but the head was always lower
than H,. The smooth concentric casing was fitted with a single diffusing discharge nozzle.
When two or more nozzles were used, the head-flow curves showed irregularities at low
flow rates and became steep at high flow rates.

Manson® has reported performance characteristics for jet engine fuel pumps having
straight radial blades in enclosed impellers. The head curves showed unstable charac-
teristics at low flow rates and steep characteristics at higher flow rates. The best effi-
ciency reported was 54.7% for an impeller diameter of 3.300 in (8.382 ¢m) and speed n =
28,650 rpm.

Forward-Curved Blades, 3, > 90° Pumps with forward-curved blades have been
proposed,®but the research necessary to achieve an efficient design appears never to have
been carried out. However, radial-flow fans with forward-curved blades are common. Tests
have been made of conventional, backward-curved-blade, double-suction pumps with the
impellers mounted in the reversed position but with rotation correct for the volute casing.
As tested, these pumps therefore had forward-curved blades.

Table 1 shows the pertinent results for six different pumps. Both flow rate and effi-
ciency were drastically reduced, and there was only a modest increase in head for five of
the six pumps. The sixth pump showed a 38% increase in head over that obtained with the
impeller correctly mounted. Published estimates”® of the head-flow curves to be expected

200
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60
40
20

TOTAL HEAD H,FT
EFFICIENCY 5, %

o — ™M W A
INPUT POWER P, HP

o
Q 10 20 30 40 50
FLOW RATE Q, GPM

FIGURE 5 Pump characteristics, radial blades (ft X 0.3048 = m; hp X 745.7 = W, gpm X 0.06309 = V/s)
(Reference 3)
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FIGURE 6 Pump efliciency versus specific speed and size, By way of comparison, Figure 10 of Section 2.1.1
(generated by Eq. 44 of that section) shows higher efficiency at low n, and low flow rate at a constant value of surface
roughness e. However, if (in Eq. 44 of Section 2.1.1) substantially greater surface roughness is used for the small sizes,
the results are similar to what is shown here. (gpm X 0.06309 = Us, and ), = n/2733). (Flowserve Corporation)

from reversed impellers predict an unstable characteristic at the low end of the flow rate
range and a steep characteristic at the high end of the range.

PERFORMANCE EFFECTS

Classification of Curve Shapes A useful method for comparing characteristics of
pumps of different specific speeds is to normalize on a selected operating condition, usu-
ally best efficiency. Thus,
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FIGURE 7 Pump characteristics, radial blades (Ib/in? X 6,894 = kPa; gpm x 0.06309 = Us) (Reference 4)
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TABLE 1 Effects of reversed mounting of impeller

Number  Specific speed Percent of Percent of normal values at best efficiency

of per stage normal
stages n, (£L) shutoff head Head Flow Rate Power Efficiency

2 828 (0.303) 86 111 65 104 71

2 1024 (0.375) 82 112 88 145 68

1 1240 (0.454) 75 105 38.5 68.5 59

1 1430 (0.523) 82 106 69.7 138 53.5

1 2570 (0.940) 74.5 117 62 138 52.5

1 2740 (1.003) 77.5 138 61.5 180 47

Source: Flowserve Corporation

where the subscript n designates values for the best efficiency point. Figures 8, 9, and 10
show approximate performance curves normalized on the conditions of best efficiency and
for a wide range of specific speeds as defined in Table 2. These curves are applicable to
pumps of any size because absolute magnitudes have been eliminated. In Figure 8, curves
1 and 2 exhibit a rising head or unstable characteristic where the head increases with
increasing flow rate over the lower part of the flow rate range. This may cause instability
at heads greater than the shutoff value, particularly if two or more pumps are operated in
parallel. Curve 3 exhibits an almost constant head at low flow rates and is often called a
flat characteristic. Curves 4 to 7 are typical of a steep or stable head characteristic, in
which the head always decreases with increasing flow rate. Although the shape of the
head-flow curve is primarily a function of the specific speed, the designer has some control
through selection of the vane angle ; number of impeller vanes n,, and capacity coeffi-
cient ¢ = ¢,./u,, as described in Section 2.1.1 (see also Figure 2). For pumps having a
single-suction specific speed of approximately 5000 (1.83) and higher, the power is at its
maximum at shutoff and decreases with increasing flow rate. This may require an
increase in the power rating of the driving motor over that required for operation at nor-
mal flow rate.

Efficiency The efficiency 7 is the product of three component efficiencies (defined in
Section 2.1.1):

N = MMM (11)
2.00 ’ : T - r
& 7

1.80 |- —

160+ .
- 5
I
2 140+ i
1 4
£
a 1.20 3 E
a 2
()
= 1

1,00 |- -

0.80 1

. 3 -

0.60 L ! ! | ’ 15

0 0.25 0.50 0.75 1.00 125 180

FLOW RATE q = Q/Qn

FIGURE 8 Head curves for several specific speeds, as defined in Table 2 (Reference 12)
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0 025 050 075 100 125 150
FLOW RATE q=Q/Qq

FIGURE 9 Power curves for several specific speeds, as defined in Table 2 (Reference 12)

The mechanical efficiency n,, accounts for the bearing, stuffing box, and all disk-friction
losses including those in the wearing rings and balancing disks or drums if present. The
volumetric efficiency 7, accounts for leakage through the wearing rings, internal
labyrinths, balancing devices, and glands. The hydraulic efficiency n, accounts for liquid
friction losses in all through-flow passages, including the suction elbow or nozzle,
impeller, diffusion vanes, volute casing, and the crossover passages of multistage pumps.
Figure 11 shows an estimate of the losses from various sources in double-suction single-
stage pumps having at least 12-in (30-cm) discharge pipe diameter. Minimum losses and
hence maximum efficiencies are seen to be in the vicinity of n, = 2500 (0.91), which
agrees with Figure 6.

Effects of Pump Speed Increasing the impelier speed increases the efficiency of cen-
trifugal pumps. Figure 7 shows a gain of about 15% for an increase in speed from 15,000
to 30,000 rpm. The increases are less dramatic at lower speeds. For example, Ippen®
reported about 1% increase in the efficiency of a small pump, D = 8 in (20.3 cm) and 7, =
1992 (0.73), at best efficiency, for an increase in speed from 1240 to 1880 rpm. Within lim-
its, the cost of the pump and driver usually decreases with increasing speed. Abrasion and
wear increase with increasing speed, particularly if the liquid contains solid particles in
suspension. The danger of cavitation damage usually increases with increasing speed
unless certain suction requirements can be met, as described later.

100+
75k 5 .
S0+ -

25+ 4

EFFICIENCY, % OF NORMAL

(o] AL 1 A 1 }
o] 0.2% Q.50 Q.75 1.00 1.25 1,50

FLOW RATE, g = Q/Qp

FIGURE 10 Efficiency curves for several specific speeds, as defined in Table 2 (Reference 12)
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TABLE 2 Characteristic curves as a function of specific speed (Figures 8, 9, and 10)

Metric Specific Universal Impeller
Curve Number on  USCS Specific Speed n, Specific Suction
Figures 8,9, and 10 Speed #, (Eq’s 38, Sect. 2.1.1) Speed (),  Configuration
1 900 17 0.33 Double
2 1500 29 0.55 Double
3 2200 43 0.80 Double
4 3000 58 1.10 Double
5 4000 77 1.46 Double
6 5700 110 2,09 Single
7 9200 178 3.37 Single

Effects of Specific Speed Figues 6 and 11 show that maximum efficiency is obtained
in the range 2000 (0.73) < n, < 3000 (1.10), but this is not the only criterion. Pumps for
high heads and small flow rates occupy the range 500 (0.18) < n, < 1000 (0.37). At the
other extreme, pumps for very low heads and large flow rates may have n, = 15,000 (5.49)
or higher. For given head and flow rate, the pump having the highest specific speed that
will meet the requirements probably will be the smallest and least expensive. However,
Figure 9 of Section 2.1 shows that it will run at the highest speed and be subject to max-
imum wear and cavitation damage, as previously mentioned.

Effects of Clearance

WEARING-RING CLEARANCE Details of wearing-ring construction are given in Section 2.2.1.
Schematic outlines of two designs of rings are shown in Figure 12, The L-shaped con-
struction shown in Figure 12a is very widely used with the close clearance between the
cylindrical portions of the rings. Leakage losses increase and pump performance falls
off as the rings wear. Table 3 shows some of the effects of increasing the clearance of
rings similar to Figure 12a.

UNIVERSAL SPECIFIC SPEED Qg

1 2
100 g 4'<///Q i \//1/// v
NOAN AR RN AR AN
a5 / ’, // 4 5
7
2; é;; Ba

5

85

MECHANICAL LOSSES 1%
IMPELLER LOSSES 2.25%
DISK FRICTION LOSS

LEAKAGE LOSS 20

1
2
3
80 4
5 CASING HYDRAULIC LOSSES,
g
5
6

DOUBLE - SUCTION
{a) CASING LOSSES, VERTICAL PUMPS
(b} LOSSES DUE TO SUCTION APPROACH, 25
DQUBLE-SUCTION
PUMP QUTPUT

POWER, % OF NORMAL INPUT

ﬂ%t§\\\\\/\ °
©
MR

75

LOSSES, % Of NORMAL INPUT POWER

70 I N 30
c + 2 3¥ 4 5 & 7

SPECIFIC SPEED IN THOUSANDS (USCS)

FIGURE 11 Power balance for double-suction pumps at best efficiency (Reference 12)
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LEAKAGE
CASING LEAKAGE
CASING RING FLOW \ R?Né /FLOW
/ CLEARANCE 1

7 FLOW

) iz g

% S /FLOW N

- CLE ARANCE 2 L IMPELLER RING
€
MPELL

{a) L-SHAPED (b) SINGLE LABYRINTH

FIGURE 12A and B Typical wearing rings

The labyrinth construction shown in Figure 12b has been used to increase the leakage
path without increasing the axial length of the rings. If the pressure differential across
these rings is high enough, the pump shaft may take on lateral vibrations with relatively
large amplitude and long period, which can cause serious damage. One remedy for these
vibrations is to increase clearance 2 in Figure 12b relative to clearance 1, at the expense of an
increased leakage flow. High-pressure breakdown through plain rings may cause vibration,®
but this is not usually a serious problem. It is considered good practice to replace or repair
wearing rings when the nominal clearance has doubled. The presence of abrasive solids in
the liquid pumped may be expected to increase wearing-ring clearances rapidly.

BLADE-TIP CLEARANCE Many impellers are made without an outer shroud and rely on close
running clearances between the blade tips and the casing to hold leakage across the blade
tips to a minimum. Although this construction usually is not used with pumps having spe-
cific speeds less than about 6000 (2.20), Wood et al.*! have reported good results with semi-
open impellers at 1800 (0.66) < n, = 4100 (1.50). It appears that both head and efficiency
increase with decreasing tip clearance and are quite sensitive to rather small changes in clear-
ance. Reducing the tip clearance from about 0.060 in (1.5 mm) to about 0.010 in (0.25 mm)
may increase the efficiency by as much as 10%. Abrasive solids in the liquid pumped prob-
ably will increase tip clearances rapidly,

TABLE 3 Effects of increased wearing-ring clearance on centrifugal pump

performance
Percent of values Percent of values
at shutoff at best efficiency
Specific Design Ring with normal with normal
esi : 1 : 1
speed head., clearance, % of ring clearance ring clearance
n, Q) ft (m) normal value Q@ H P 7 H, P,
2100 (0.77)  63(19.2) 178 100 983 989 994 970 100
ce e 356 100 975 990 985 936 982
688 100 960 989 971 912 948
e ca 1375 100 943 974 968 888 925
3500 (1.28) 65(19.8) 354 100 90.0 99.1 908 B850 962
4300 (1.57) 41(12.5) 7270 62 655 817 498 443 106
4800 (1.76) 26 (7.9) 5220 96 788 892 848 782 833

Source: Flowgerve Corporation
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MODIFICATIONS TO IMPELLER AND CASING

Diameter Reduction To reduce cost, pump casings usually are designed to accommodate
several different impellers. Also, a variety of operating requirements can be met by chang-
ing the outside diameter of a given radial impeller. Eq, 6 shows that the head should be
proportional to (nD)?provided that the exit velocity triangles (Figure 2b) remain similar
before and after cutting, with w, always parallel to itself as u,is reduced. This can be
achieved if the impeller meridional exit area A,, ,is the same before and after cutting—and
if the flow angle B;, (Figure 15, Section 2.1) also stays the same. [3;; would stay the same
if the blade angle 8, (= B,.) does, the difference being due to slip velocity V, that should
also scale down with D.] For radial discharge impellers, area A, ; equals 7Db, (minus blade
and boundary layer blockage) and requires that b, increase as D decreases. This is typical of
many impellers—as is constancy of 8, over the cutting range-—and, together with Eqs. 27-33
of Section 2.1.1, leads to the following rules for predicting performance:

9 _ mby (12a)
Q2 nlD,
H, H%D?i
= = (12b)
H, niD?
P, nng
P, B niD3 (12c)

which apply only to a given impeller with altered D and constant efficiency but not to a
geometrically similar series of impellers. (Eqgs. 12 have been termed “affinity laws”; how-
ever, true affinity requires geometric similarity, which in turn yields the Scaling and
Similitude relationships of Section 2.1.1.) The assumptions on which Egs. 12 were based
are rarely if ever fulfilled in practice, so exact predictions by the equations should not be
expected. A common example is the low-n, radial discharge impeller with parallel radial
hub and shroud profiles over most of the path from inlet to exit (Figure 6). Here, A, ,
decreases with cutting, and H falls more than would be predicted by Eq. 12b. [This type of
impeller is often found in multistage pumps, particularly those in which the designer, dri-
ven by cost reduction goals, has minimized a) the axial length occupied by each stage and
b) the number of stages, thereby pushing down the n, of the individual stage to the point
that a tolerable sacrifice in efficiency results.]

RADIAL DISCHARGE IMPELLERS Impellers of low specific speed may be cut successfully pro-
vided the following items are kept in mind:

1. The angle 8, may change as D is reduced, but this usually can be corrected by filing
the blade tips. (See the discussion on blade-tip filing that follows.)

2. Tapered blade tips will be thickened by cutting and should be filed to restore the orig-
inal shape. (See the discussion below on blade-tip filing.)

3. Bearing and stuffing box friction remain constant, but disk friction should decrease
with decreasing D).

4. The length of flow path in the pump casing is increased by decreasing D.

5. Because c,,; is smaller at the reduced flow rate, the inlet triangles no longer remain
similar before and after cutting, and local flow separation may take place near the
blade entrance tips.

6. The second right-hand term in Eq. 5 was neglected in arriving at Egs. 12, but it may
represent a significant decrease in head as D is reduced.

7. Some blade overlap should be maintained after cutting. Usually the initial blade over-
lap decreases with increasing specific speed, so the higher the specific speed, the less
the allowable diameter reduction.
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8. Diameter reductions greater than from 10 to 20% of the original full diameter of the
impeller are rarely made.

Most of the losses are approximately proportional to @2 and hence to D? by Eq. 12.
Because the power output decreases approximately as D? it is reasonable to expect the
maximum efficiency to decrease as the wheel is cut, and this often is the case. By Eq. 12
and the n-definition (Eq. 38a of Section 2.1), the product n,D should remain constant so
the specific speed at best efficiency increases as the wheel diameter is reduced (Table 4).

The characteristics of the pump shown in Figure 13 may be used to illustrate reduction
of diameter at constant speed. Starting with the best efficiency point and D = 1655 in (41.4
cm), let it be required to reduce the head from H = 224.4 to H' = 192.9 ft (68.4 m to 58.8 m)
and to determine the wheel diameter, capacity, and power for the new conditions.

Because the speed is constant, Egs. 12 may be written

H=hyQ and P=k@ (13)

where ky and &, may be obtained from the known operating conditions at D = 16% in (41.4
cm). Plot a few points for assumed flow rates and draw the curve segments as shown by
the solid lines in Figures 13 and 13c. Then, from Eqs. 12

D' =DVH/H Q' = QVH/H P’ = P(H'/H}*? (14a)
D' =DQ/Q) H' = H(Q'IQ)* P = P(Q'/Q) (14b)

from which D = 15} in (38.4 cm), @ = 3709 gpm (234 V/s), and P’ = 215.5 hp (160.7 kW). In
Figure 13, the initial conditions were at points A and the computed conditions after cut-
ting at points B. The test curve for D = 15 in (38.4 cm) shows the best efficiency point o
at a lower flow rate than predicted by Eqgs. 14, but the head curve satisfies the predicted
values very closely. The power prediction was not quite as good. Table 4 and Figure 13 give
actual and predicted performance for three impeller diameters. The error in predicting the
best efficiency point was computed by (predicted value minus test value) (100)/test value).
As the wheel diameter was reduced, the best efficiency point moved to a lower flow rate
than predicted by Eq. 14 and the specific speed increased, showing that the conditions for
Eqgs. 12 to hold were not maintained.

Wheel cutting should be done in two or more steps with a test after each cut to avoid too
large a reduction in diameter. Figure 14 shows an approximate correction, given by
Stepanoff,'?that may be applied to the ratio D'/D as computed by Egs. 12 or 14, The accuracy
of the correction decreases with increasing specific speed. Figure 15 shows a correction pro-
posed by Riitschi® on the basis of extensive tests on low-specific-speed pumps. The corrected
diameter reduction AD is the diameter reduction D — D' given by Eqs. 14 and multiplied by
k from Figure 15. The shaded area in Figure 15 indicates the range of scatter of the test
points operating at or near maximum efficiency. Near shutoff the values of & were smaller
and at maximum flow rate the values of £ were larger than shown in Figure 15. Table 5
shows the results of applying Figures 14 and 15 to the pump of the preceding example.

There is no independent control of @ and H in impeller cutting, although @ may be
increased somewhat by underfiling the blade tips as described later. The flow rate and
power will automatically adjust to the values at which the pump head satisfies the system
head-flow curve.

MIXED-FLOW IMPELLERS Diameter reduction of mixed-flow impellers is usually done by
cutting a maximum at the outside diameter D, and little or nothing at the inside diame-
ter D, as shown in Figure 16. Stepanoff'¢ recommends that the calculations be based on
the average diameter D, = (D, + Dy/2 or estimated from the blade-length ratio FK/EK
or GK/EK in Figure 16d. Figure 16 shows a portion of the characteristics of a mixed-flow
impeller on which two cuts were made as in Figure 16b. The calculations were made by
Eqs. 14 using the mean diameter

D, =N(D:+ D¥12
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FIGURE 13A through C Diameter reduction of radial-flow impeller (gpm X 0.06309 = I/s). D is measured in
inches {centimeters)

instead of the outside diameter in each case. The predictions and test results are shown in
Figure 16 and Table 6. It is clear that the actual change in the characteristics far exceeded
the predicted values. Except for the use of the mean diameters, the procedure was essen-
tially the same as that described for Figure 13, and all points and curves are similarly
labeled. The corrections given in Figure 14 would have made very little difference in the
computed diameter reductions, and those of Figure 15 were not applicable to impellers
having specific speeds greater than n, = 2000 (0.73). In this case, the product n,D,, did not
remain constant and the maximum efficiency increased as D,, was reduced. Although the
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CALCULATED DIAMETER RATIO

FIGURE 14 Corrections for calculated impeller diameter reductions (Reference 12)

changes in diameter were small, the area of blade removed was rather large for each cut.
The second cut eliminated most of the blade overlap.

The characteristics of mixed-flow impellers can be changed by cutting, but very small
cuts may produce a significant effect. The impellers of propeller pumps are not usually
subject to diameter reduction.

Shaping Blade Tips 1f the discharge tips of the impeller blades are thick, performance
usually can be improved by filing over a sufficient length of blade to produce a long, grad-
ual taper. Chamfering, or rounding, the discharge tips may increase the losses and should
never be done. Reducing the impeller diameter frequently increases the tip thickness.

OVERFILING This is shown at B in Figure 17, and the unfiled blade is shown at A, Usu-
ally there is little or no increase in the blade spacing d before and dj after filing, so the
discharge area is practically unchanged. Experience indicates that any change in the
angle 3, due to overfiling usually produces a negligible change in performance.

UNDERFILING This is shown at C in Figure 17. If properly done, underfiling will increase
the blade spacing from d to d; and hence the discharge area, which lowers the average
meridional velocity c,,,, at any given flow rate §. The angle 3, usually is increased slightly.
Figure 184 and Eq. 6 show that the head and consequently the power increase at the same
flow rate. The maximum efficiency usually is improved and may be moved to a higher flow
rate. At the same head, Figure 18B shows that both c,,; and the flow rate will increase.
The change both in the area and in C,,; may increase the flow rate by as much as 10%.
Table 7 shows the results of tests before and after underfiling the impeller blades of nine
different pumps. In general, they confirm the foregoing predictions based on changes in
area and in the velocity triangles.
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FIGURE 16 Corrections for calculated impeller diameter reductions (Reference 13). (Q, = n,/2733)
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TABLE 5 Impeller diameter corrections

2.137

D before cutting

D' predicted by Egs. (14)

D' corrected by Figure 14
D' corrected by Figure 15

in 16.3125 16.3125
in 15.125 14.000
in 15.25¢ 14.26°
in 15.60° 14.93¢

/D = 15125/18.3125
(0.935)(16.3125) = 15.25 in,
*DY/D 14.000/16.3125
(0.874)(16.3125) = 14.26 in.

D — D' = 16.3125—15.125 = 1.1875; by Figure 15, K = 0.6 at n, =
(0.6)(1.1875) = 0.7125 and corrected D' = 16.3125—0.7125
16.3125—14.000 = 2.3125; by Figure 15, K

‘D - D

(0.6)(2.3125) = 1.3875 and corrected D’ = 16.3125—1.3875

It

I

0.927; by Figure 14, corrected D'/D

0858; by Figure 14, corrected D'/D

= 15.60 in.

= 14,93 in.

Il

0.6 at n, = 1,953. Corrected D — DV

1,953. Corrected D — D’

0.935. Corrected L

0.874. Corrected DV

90

EFFICIENCY, 7, %
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INPUT POWER, P, HP
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(<)
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FLOW RATE Q, GPM

000

FIGURE 16A through C Diameter reduction of mixed-flow impeller (ft % 0.3048 = m;in X 2.540 = em; gpm X

0.06309 = Us; hp X 0.7457 = kW)
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REMOVED
8Y \
UNDERFILING

REMOVED BY
OVERFILING

UNDERFILED

+

FIGURE 17 Underfiling and overfiling of blade tips

INLET BLADE TIPS If the inlet blade tips are blunt, as shown at D in Figure 17, the cavita-
tion characteristics may be improved by sharpening them, as shown at E. In this case
overfiling increases the effective flow area, which reduces ¢,,, for a given flow rate. If more
area is needed, it may be advantageous to cut back part of the blade and sharpen the lead-
ing edge. Overfiling tends to increase B,, which is incompatible with a decrease in c,,, (Fig-
ure 19). The increase in B, increases the angle of attack of the liquid approaching the
blade. In Figures 2 and 19, w, is tangent to the centerline of the blade at entrance and w,

W2
War
iy
oF3 T é
CZF '62 BZF ClI'HZ; lmz
Cug > t
Cugr
Us -
(A QeZ2EQ Hp>H
F o
B; Bop cjmz l”‘aF
CuZ =CuZF_-h ‘
uz

{(BJHE=H QfF>Q
FIGURE 18 Discharge velocity triangles for underfiled blades (neglecting slip}
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TABLE 7 Changes in performance when impeller blades are underfiled

Impeller Slhﬁzﬁi Hy-H Changes at best fafﬁciency
Specific speed  No, of diameter D, spacing H point after filing, %

n, Q, stages iIn  (cm) dg/d %P He H @ P n
862 (0.3154) 1 11% (29.21) 1.13 4 156 4 0 9 -5
945  (0.3458) 2 8% (21.27) 1.05 5.5 0 3 4 =056 7.5
1000 (0.3659) 4 9% (23.18) 1.055 5.5 0 55 0 3 2.5
1080 ((.3952) 2 9%';} (24.92) 1.08 10 25 10 0 68 3
1525 (0.5580) 2 10% (26.67) 1.035 3.2 3 05 45 35 1.2
1950 (0.7135) 1 22 (55.88) 1.02 1.5 1 1.5 0 1.5 0
3300° (1.2075) 1 12 (30.48) Cas 7.8 256 78 0 85 -06
3450 (1.2623) 1 30% (77.47) s 6.5 05 656 0 7.8 -2.2
4300 (1.5734) 1 41% (104.8) . 5 5 0 0.5 4.5¢

sDouble suction.

*Hy is head after filing.

*Shutoff head.

“Due in part to changes in pump casing.
*Due in part to rounding of inlet blade tips.
Source: Flowserve Corporation

is the velocity of the approaching liquid as seen by an observer moving with the blade.
The angle § between w, and w, is the angle of attack, which increases to §; after overfil-
ing. Although the increase in & tends to increase the opportunity for the liquid to sepa-
rate from the low-pressure face of the blade, this disadvantage usually is outweighed by
the improvement that results when c,,, is reduced.*

CASING TONGUE The casing tongue or cutwater forms part of the throat of the discharge
nozzle of many volute casings (Figure 20a, Section 2.1.1). Frequently the throat area is
small enough to act as a throttle and reduce the maximum flow rate otherwise obtainable
from the impeller. Cutting back the tongue increases the throat area and increases the
maximum flow rate. The head-versus-flow rate characteristic is then said to carry out far-
ther. Shortening the discharge nozzle may increase the diffusion losses a little and result
in a slightly lower efficiency.

CAVITATION

The formation and subsequent collapse of vapor-filled cavities in a liquid due to dynamic
action are called cavitation. The cavities may be bubbles, vapor-filled pockets, or a combi-
nation of both. The local pressure must be at or below the vapor pressure of the liquid for
cavitation to begin, and the cavities must encounter a region of pressure higher than the
vapor pressure in order to collapse. Dissolved gases often are liberated shortly before
vaporization begins. This may be an indication of impending cavitation, but true cavitation

*The distinction between a true velocity diagram formed just upstream of the impeller blades and the triangles shown
just inside the blades in Figure 19 should be noted. w, in this figure is shown aligned with the blade, having undergone an
adjustment in direction via incidence from that of the approaching i, Only by plotting the velocity diagram just upstream
of this point can one determine the true value of the circumferential component ¢,, of the absolute velocity being delivered
to the impeller by the upstream piping, vanes, and so on. It is this delivered value of ¢,; that must be used in computing
input or ideal head of the impeller (Eq. 15b, Section 2.1.1 or, neglecting slip, Eq. 6 of this section). Thus w, is properly the
true w, vector and should be understood as such (see Section 2.1.1).
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FIGURE 19 Effect of overfiling at inlet on the velocity triangle just inside the blades

requires vaporization of the liquid. Boeiling accomplished by the addition of heat or the
reduction of static pressure without dynamic action of the liquid is arbitrarily excluded
from the definition of cavitation,

When a liquid flows over a surface having convex curvature, the pressure near the sur-
face is lowered and the flow tends to separate from the surface. Separation and cavitation
are completely different phenomena. Without cavitation, a separated region contains tur-
bulent eddying liquid at pressures higher than the vapor pressure. When the pressure is
low enough, the separated region may contain a vapor pocket that fills from the down-
stream end,'s collapses, and forms again many times each second. This causes noise and,
if severe enough, vibration. Vapor-filled bubbles usually are present and collapse very
rapidly in any region where the pressure is above the vapor pressure. Knapp'® found the
life cycle of a bubble to be on the order of 0.003 s.

Bubbles that collapse on a solid boundary may cause severe mechanical damage. Shut-
ler and Mesler!” photographed bubbles that distorted into toroidal-shaped rings during col-
lapse and produced ring-shaped indentations in a soft metal boundary. The bubbles
rebounded following the initial collapse and caused pitting of the boundary, Pressures on the
order of 10 atm have been estimated'® during collapse of a bubble. All known materials can
be damaged by exposure to bubble collapse for a sufficiently long time. This is properly called
cavitation erosion, or pitting. Figure 20 shows extensive damage to the suction side of pump
impeller vanes after about three months’ operation with cavitation. At two locations, the pit-
ting has penetrated deeply into the 3-in (9.5-mm) thickness of stainless steel. The unfavor-
able inlet flow conditions, believed to have been the cause of the cavitation, were at least
partly due to elbows in the approach piping. Modifications in the approach piping and the
pump inlet passages reduced the cavitation enough to extend impeller life to several years.?®

It has been postulated that high temperatures and chemical action may be present at
bubble collapse, but any damaging effects due to them appear to be secondary to the
mechanical action. It seems possible that erosion by foreign materials in the liquid and cav-
itation pitting may augment each other. Controlled experiments? with water indicated that
the damage to metal depends on the liquid temperature and was a maximum at about 100
to 120°F (38 to 49°C). Cavitation pitting, as measured by weight of the boundary material
removed per unit time, frequently increases with time. Cast iron and steel boundaries are
particularly vulnerable. Controlled experiments have shown that cavitation pitting in met-
als such as aluminum, steel, and stainless steel depends strongly on the velocity of the fluid
in the undisturbed flow past the boundary. On the basis of tests of short duration, Knapp®
reported that damage to annealed aluminum increased approximately as the sixth power of
the velocity of the undisturbed flow past the surface. Hammitt? found a more complicated
relationship between velocity and damage, as shown in Figure 21. It seems clear that after
cavitation begins, it will increase rapidly with increasing velocities. Frequently the rate of
pitting accelerates with elapsed time. Comprehensive discussions of cavitation and erosion
together with additional references are given by Preece.?
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FIGURE 20 Impeller damaged by cavitation (Demag Delaval, Reference 19}

Centrifugal pumps begin to cavitate when the suction head is insufficient to maintain
pressures above the vapor pressure throughout the flow passages. The most sensitive
areas usually are the low-pressure sides of the impeller vanes near the inlet edge and the
front shroud, where the curvature is greatest. Axial-flow and high-specific-speed
impellers without front shrouds are especially sensitive to cavitation on the low-pressure
sides of the blade tips and in the close tip-clearance spaces. Sensitive areas in the pump
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FIGURE 21 Cavitation damage exponent versus test time for several materials in water (Reference 21)
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casing include the low-pressure side of the tongue and the low-pressure sides of diffusion
vanes near the inlet edges. As the suction head is reduced, all existing areas of cavitation
tend to increase and additional areas may develop. Apart from the noise and vibration,
cavitation damage may render an impeller useless in as little as a few weeks of continu-
ous operation. In multistage pumps cavitation usually is limited to the first stage, but
Kovats® has pointed out that second and higher stages may cavitate if the flow is reduced
by lowering the suction head (submergence control). Cavitation tends to lower the axial
thrust of an impeller. This could impair the balancing of multistage pumps with opposed
impellers. A reduction in suction pressure may cause the flow past a balancing drum or
disk to cavitate where the liquid discharges from the narrow clearance space. This may
produce vibration and damage resulting from contact between fixed and running surfaces.

Net Positive Suction Head (NPSH) Several criteria exist for establishing the NPSH
of a pump. These are connected with a) inception of cavitation, b) loss of hydraulic per-
formance, and c) protecting the pump against cavitation erosion or damage. These are
defined and found as follows:

a, Inception NPSH. Cavitation can be completely prevented so long as the static pressure
within the pump is everywhere greater than the vapor pressure of the liquid. This
can be achieved if the NPSH (also called A,,), defined in Section 2.1,1 as the total head
of the pumped liquid at the pump inlet datum or suction flange above that vapor
pressure, is sufficiently large. The value of NPSH that achieves this is called NPSH,
namely, the “inception NPSH.”

b. Performance NPSH. In a typical NPSH-test at constant speed n and flow rate €, a sub-
stantial reduction of NPSH below NPSH, is usually necessary to reach the value that
produces an identifiable drop in performance—usually 3% of pump stage total pres-
sure rise or pump head. This value is called the “required NPSH,” NPSHE or NPSH ..
Table 1 in Section 2.1.1 provides empirical correlations for NPSH;, for common
pumps and inducers. Other criteria for NPSH3,, will be given further on. The domains
of cavitation within a pump are widespread at this condition, and experience shows
that a head drop in the neighborhood of 3% must occur in order to obtain a repeatable
value of NPSHR on test!?. Lower percentages have been demanded by users, but they
invariably give rise to a large scatter in the measured NPSHR for even small varia-
tions in any of the test variables.

It used to be thought throughout the pump community that there are no cavities or
bubbles present at zero percent head drop due to cavitation activity within a pump. In
recent decades, however, it has been proven through many observations that not only
is the head drop equal to zero at inception (where NPSH = NPSH)), it remains so for
an enormous range of lesser NPSH-values over which extensive bubble activity is
observed. In fact, NPSH, is commonly from two to five times the magnitude of the
NPSHR that is associated with any noticeable drop in pump head. At the 3% (or lesser
percentage) head drop condition, actual observations of the cavitating flow show the
cavities to extend all the way from the leading edge of each blade to the throat formed
by the leading edge of the next blade?:. In the face of these learnings, it is evident that
to demand a test for the NPSH required for a head drop of much less than 3% usually
causes only needless misunderstandings and expenditure of time and money.

¢. Damage-Limiting NPSH or Life NPSH. If it is desired to substantially reduce or
eliminate cavitation activity within the pump, an acceptance test should be conducted
wherein the cavitating flow ¢can be observed visually®, This is indeed a serious issue
if the pump energy level is high enough (and therefore the inlet pressure) for the
collapsing cavities to do damage (as in Figure 20; see also Section 2.1.1). In such a case,
“NPSH,” has virtually no meaning; rather, the truly required NPSH or “NPSHR” is
that larger value which satisfactorily limits the extent of this visually observed
cavitation within the pump or pump model®,

Therefore, the available NPSH at the installation must be at least equal to the
required NPSH if the above consequences are to be avoided—be they significant loss of
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FIGURE 22 Definition sketch for computing NPSH

pump head (that is, loss of hydraulic performance) or damage due to collapsing cavities.
Increasing the available NPSH above the required value provides a margin of safety
against unpredictable variations of conditions, including transient behavior. Figure 22
and the following symbols will be used to compute the available NPSH:

p. = absolute pressure in atmosphere surrounding gage, Figure 22
P

gage pressure indicated by gage or manometer connected to pump suction
at section ¢-s; may be positive or negative

p. = absolute pressure on free surface of liquid in closed tank connected to
pump suction

p., = vapor pressure of liquid being pumped corresponding to the temperature at
section s-s (if liquid is a mixture of hydrocarbons, p,, must be measured by
the bubble point method)

h; = lost head due to friction in suction line between tank and section s-s
V = average velocity at section s-s
Z,Z,

Y

vertical distances defined by Figure 22; may be positive or negative

specific weight of liquid at pumping temperature

It is satisfactory to choose the datum for small pumps as shown in Figures 1 and 22,
but with large pumps, the datum should be raised to the elevation where cavitation is
most likely to start. For example, the datum for a large horizontal-shaft propeller pump
should be taken at the highest elevation of the impeller-blade tips. The available NPSH is
given by

Py — Py 2
b=t 2 B g T (15)
Y Y 2g
or
P: — Py
hsv=—‘—7—f’-+z—hf (16)
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Consistent units must be chosen so that each term in Eqgs. 15 and 16 represents feet
(or meters) of the liquid pumped. Equation 15 is useful for evaluating the results of tests.
Equation 16 is useful for estimating available NPSH during the design phase of an
installation. In Eq. 15, the first term represents the height of a liquid barometer, &, con-
taining the liquid being pumped and the sum of the remaining terms represents the suc-
tion head h,; that is, the total head H (Eq. 3, Section 2.1.1) evaluated at the suction
flange S in Figure 22. Therefore

hsv = hb + hs (17)

Usually, a positive value of A, is called a suction head and a negative value of A, is called
a suction lift.

Many pumps draw cold water from reservoirs exposed to atmospheric pressure, so the
suction lift is limited if there is to be a reasonable value of A,, (= NPSH) available at the
pump suction flange or port. In normal practice, rather small values of suction lift or suc-
tion head are encountered in many installations, so one can depend on the value of A,,
being a substantial portion of £,—say about 60% or 20 ft (6m) of water column. Recogniz-
ing that the suction specific speed capability S of most pumps falls within a rather small
range has led to charts of recommended operating speeds such as those in Section 12.11 or
the speed recommendations of Figure 23 for condensate pumps for varying amounts of
NPSH available. In fact, S = 8500 (Q2,, = 3.11) is recommended by the Hydraulic Institute?®.
S (= N,,) and Q,, are defined in Eqs. 41 and 42 of Section 2.1.1. The relationship of suction-
specific speed to other suction parameters is treated further on.

Cavitation Tests In addition to the constant-Q tests for NPSHR that were described
in the foregoing review of the various NPSH-criteria, one can establish the curve of

100 \ 200
\\ i\
¢£ 300 \ \\\ 8C0 E_’
£ =
g 400 NN 800 3
g soo N N 1,000 Z
= \ =
(&
3 700 A\ N\ 1400 3
' bl
W 1 \o° \ i
)
g 4000 N 3 2,000 @
Z \ =]
3 \ g
Z 1,500 3,000 3
< &
g 2,000 4,000 &
L
[t w
b \ \\ =
T 3,000 — : 6000 &
8 ool IO G0 N\ s
T 000" of Nesw, T 8000 3
5000+ RPM/GPM = 10,000
6,000 CONSTANT ' N \\ 2,000
8,000 { Il\\ N A 16,000

1 2 2 4 586878 10 15
NET POSITIVE SUCTION HEAD, hyy, FT

FIGURE 28 Capacity (flow rate) and speed limitations for condensate pumps with shaft through eye of impeller
(ft X 0.3048 — m; gpm X 0.06309 = I/s) (adapted from Hydraulic Institute ANSI/HI 2000 Edition Pump Standards,

Refi 27)
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FIGURE 24 Test of a 1.5-in {3.81-cm) single-stage pump at 3470 rpm, on water, 70°F (21°C) (ft X 0.3048 = m; gpm X
0.06309 = l/s) (Reference 12)

performance NPSH versus flow rate by varying the NPSH available and seeing how much
flow rate @ the pump can handle. This is illustrated in Figure 24, wherein a different head
curve is found for each value of NPSH. For each such curve, as @ is increased, there is a
point at which the head departs from the next one of higher NPSH. This, then, is the @
for which the given NPSH is that required to maintain head, essentially NPSH.,,. At
higher flow rate, performance is lost, each head curve possessing a “cutoff” flow rate.
References 27 and 28 may be consulted for details of test procedures.

Thoma Cavitation Parameter o All the terms in Egs. 15 to 17 may be made dimension-
less by dividing each by the pump head H. The resulting parameter

T =g (18}

has proven to be useful especially for high-specific-speed pumps and turbines, The loading
on the blades of a variable-pitch propeller, and therefore the minimum suction-side static
pressure, is directly connected to the head developed. As this head increases with increas-
ing blade setting angle, the loading increases, the minimum pressure drops, and the
NPSHR goes up. Hence an identifiable limiting value of o is found to exist for such a
machine. o-limits are presented for a range of specific speeds in Figure 25.

Performance-NPSH data are sometimes given in terms of o; for example, Riitschi'® pre-
sents the effect of pump hydraulic efficiency on NPSH in these terms, a consistently higher
value of o being required for pumps with lower efficiency (Figure 26),

Suction-Specific Speed TFor pumps in which the eye diameter of the impeller is
smaller than that at exit, the pressures on the suction-sides of the blades that are asso-
ciated with most of the head addition are in a region of higher pressure than in the vicin-
ity of the eye. Thus Wislicenus® was able to decouple the eye from outer diameter of the
pump (where most of the head is generated in a radial-flow machine) and show that only
the eye geometry determines performance-NPSH and not the magnitude of the head cre-
ated by the impeller. He demonstrated that for most centrifugal pumps (except the pro-
pellers just described), there is a small range of suction specific speed—from which the
performance-NPSH can be determined. As in Section 2.1.1, this parameter is defined as
follows:

s-Yve

(hep)?

(19)
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Note that @ = half the discharge of a double-suction impeller when computing S. Equa-
tions 18 and 19 and the definition of 7, may be combined to yield

n, 4/3
o= (—S—) (20)

n, = S(o)¥* (21)

Figure 25 shows lines of constant S. For most pumps, 7500 <8 < 11,000 (2.7 <{}gs <
4.0), S = 8500 (3.11) being recommended by the Hydraulic Institute ANSI/HI 2000 Pump
Standards (Reference 27). Higher values may apply to special designs or service conditions,
such as an inducer ahead of the first-stage impeller. For a given specific speed, the lower the
value of S, the safer the pump against cavitation. Experience with large European pumped
storage installations has shown that cavitation effects began at S = 6000 (2.2), and this
value is recommended for large pumps. Figure 27 shows a summary of data and formu-
las that may be useful with commercial pumps.

German practice differs considerably from that in the United States in computing suc-
tion specific speed. Pfleiderer! defined a hub correction £ as

=1 (dh> 2
— D, (22)

where d; = the hub diameter and D, = the diameter of the suction nozzle, in any consis-
tent units. The suction specific speed S is defined as

_ (n/100)°Q

kR 28

where n is measured in rpm, @ in cubic meters per second per impeller inlet, and A,, in
meters of liquid pumped. It follows that

S = 5164V Sk (24)

NPSH for Liquids Other Than Cold Water Field experience, together with carefully
controlled laboratory experiments, has indicated that pumps handling hot water or certain

SPECIFIC SPEED LIMIT V8. TOTAL HEAD WITH ZERO SUCTION HEAD
85°F (29.4°C), 1.0 5.G. WATER, SEA LEVEL EQUIVALENT TO326FT (9.94m) NPSH

SPECIFIC SPEED RANGE 1,000 - 8,000 1,000 - 5,000 5,000 = 9,000 8,006 = i3,000
CORRESPONDING MAX, 821 - 96 516 — 61 =17

TOTAL HEAD RANGE IN (250 - 29) (157 —=18.6} (\BG 8 5) (8 5 5.2

FT OR {m! THAT CAN BE ENCLOSED
@ PEN_E%%

PUMPED WITH 32.6 FT
{9.94 m} NPSH
CENTRIFUGAL IMPELLER CENTRIFUGAL IMPELLER MIXED-FLOW IMPELLER PROPELLER
DOUBLE-SUCTION SINGLE-~SUCTION SINGLE-SUCTION SINGLE-SUCTION
ENCLOSED DESIGN ENCLOSED DESIGN  ENCLOSED & OPENOESIGN  GPEN DESIGN

FORMULAS:
FOR SAME Q, S, hgy' Noousie sUcTION * Y2 NaiNGLE sUCTION * 1419 NgiNGLE SUCTION
FOR SAME Q, 4, Nyt (nadpousie suction = 72 (N JsmvaLe sucTion ® 1414 (M yisivaLE sucTion
FOR SAME Q, ng ,hyw' HoousLE sucTion = 1:587 HsinaLE sucTioN

FOR SAME @n:  (PsyloousLe suction® 0.630 (hsylsineLe sucTion
Auax * Sthyy )34 2/Q 28000 (hy, 34T

Q=GPM(L/S};H=FT{m) OF FLUID PUMPED! n= RPMi hg, = FT {m) OF FLUID PUMPED

FIGURE 27 Commercial pumps applicable to zerc suction head. Suction specific speed 8§ = 8000 (£, = 2.93).
For centrifugal impellers, n, = 1,000-5,000 ({}, = 0.4-1.8); mixed-flow, 5,000-9,000 (1.8-3.3); propeller, 9,000-13,000
(1.3-4.8).
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FIGURE 28 Cavitation tests with different liquids at constant speed and constant flow rate (Reference 34)

liquid hydrocarbons may be operated safely with less NPSH than would normally be
required for cold water. This may lower the cost of an installation appreciably, particularly
in the case of refinery pumps. A theory for this has been given by Stepanoff and others, 14333
Figure 28 shows the results of cavitation tests on two liquids for constant capacity and
constant pump speed. No head loss due to cavitation is present at point C or at &, > k.
With cold deaerated water, lowering &, slightly below A,, produces limited cavitation
and a decrease in pump head AH to point C,, but Ah,,, usually is negligible. With hot
water (T = 100°F = 37.8°C) or with many liquid hydrocarbons, a much larger decrease
in h,, will be required to produce the same drop in head AH that was shown by the cold
water test. The NPSH reduction, or NPSH adjustment, is AH, ~ Ah,, In practice, AH has
been limited to Ak = 0.03H, for which there is a negligible sacrifice in performance. The
pumps usually are made of stainless steel or other cavitation-resistant materials, and
the lower NPSH results in lower collapse pressure of the vapor bubbles, reducing the
damage potential.

Chart for NPSH Reductions A composite chart of NPSH reductions for deaerated hot
water and certain gas-free liquid hydrocarbons is shown in Figure 29. The curves of
vapor pressure versus temperature and the curves of constant NPSH reduction were
based on laboratory tests with the liquids shown and should be used subject to the fol-
lowing limitations:

1. No NPSH reduction should exceed 50% of the NPSH required by the pump for cold
water or 10 ft (3.0 m), whichever is smaller.

2. NPSH may have to be increased above the normal cold-water value to avoid unsatis-
factory operation when (@) entrained air or other noncondensable gas is present in the
liquid or (&) dissolved air or other noncondensable gas is present in the liquid and the
absolute suction pressure is low enough to permit release of the gas from solution.

3. The vapor pressure of hydrocarbon mixtures vary significantly with temperature and
so should be determined at pumping temperature (see Reference 27).

4. If the suction system may be susceptible to transient changes in absolute pressure or
temperature, a suitable margin of safety in NPSH should be provided. This is partic-
ularly important with hot water and may exceed the reduction that would otherwise
apply with steady-state conditions.

5. Although experience has indicated the reliability of Figure 29 for hot water and the
liquid hydrocarbons shown, its use with other liquids is not recommended unless it is
clearly understood that the results must be accepted on an experimental basis.
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FIGURE 20 NPSH reductions for pumps handling liguid hydrocarbons and hot water. This chart has been
constructed from test data obtained by using the liquids shown. For applicability to other liquids, refer to the text
{ft % 0.3048 = m; Ib/in? X 6.895 = kPa). (Hydraulic Institute ANSI/HI 2000 Edition Pump Standards, Reference 27)

USE OF FIGURE 29 Given a fluid having a vapor pressure of 30 1b/in?(210 kPa) abs at 100°F
(87.8°C). Follow the arrows on the key shown on the chart and obtain an NPSH reduction
of about 2.3 ft (0.70 m). Since this does not correspond to one of the liquids for which vapor
pressure curves are shown on the chart, the use of this NPSH reduction should be con-
sidered a tentative value only. Given a pump requiring 16-ft (4.9-m) cold-water NPSH at
the operating capacity, the pump is to handle propane at 55°F (12.8°C). Figure 29 shows
the vapor pressure to be about 105 1b/in® (733 kPa) abs and the NPSH reduction to be
about 9.5 ft (2.9 m). Since this exceeds 8 ft (2.44 m), which is half the ¢old-water NPSH,
the recommended NPSH for the pump handling propane is half the cold-water NPSH, or
8 ft (2.44 m). If the temperature of the propane in the previcus example is reduced to 14°F
(—=10°C), Figure 29 shows the vapor pressure to be 50 lb/in® (349 kpa) abs and the NPSH
reduction to be about 5.7 ft (1.74 m), which is less than half the coldwater NPSH. The
NPSH required for pumping propane at 14°F (—10°C) is then 16 — 5.7 = 10.3 =~ 10 ft (4.87
- 1.74 = 3183 = 3 m).

Reduction of Cavitation Damage After the pump has been built and installed*, there
is little that can be done to reduce cavitation damage, As previously mentioned, sharp-
ening the leading edges of the blades by filing may be beneficial. Stepanoff*? has suggested
cutting back part of the blades in the impeller eye together with sharpening the tips, for
low-specific-speed pumps, as a means of reducing the inlet velocity ¢, and thus lowering
o. Although a small amount of prerotation or prewhirl in the direction of impeller rotation

*Sometimes it is possible to lower the pump, and this should be considered before other alterations are made.

LIBERTY EXHIBIT 1017, Page 175



2.1.3 CENTRIFUGAL PUMPS: HYDRAULIC PERFORMANCE AND BEHAVIOR 2.151

may be desirable®, excessive amounts should be avoided. This may require straightening
vanes ahead of the impeller and rearranging the suction piping to avoid changes in direc-
tion or other obstructions. The cavitation damage to the impeller shown in Figure 20 was
believed to have been at least partly due to bad flow conditions produced by two 90° elbows
in the suction piping. The planes of the elbows were at 90° to each other, and this arrange-
ment should be avoided,

Straightening vanes in the impeller inlet may increase the NPSH requirement at all
flow rates. Three or four radial ribs equally spaced around the inlet and extending inward
about one-quarter of the inlet diameter are effective against excessive prerotation and
may require less NPSH than full-length vanes. This is very important with axial-flow
pumps, which are apt to have unfavorable cavitation characteristics at partial flow rates.
Operation near the best efficiency point usually minimizes cavitation.

The admission of a small amount of air into the pump suction tends to reduce cavita-
tion noise.” This rarely is done, however, because it is difficult to inject the right amount of
air under varying head and flow rate conditions and frequently there are objections to
mixing air with the liquid pumped.

If a new impeller is required because of cavitation, the design should take into account
the most recent advances described in the literature. Gongwer® has suggested (1) the use
of ample fillets where the blades join the shrouds, (2) sharpened leading edges of blades,
(3) reduction of B, in the immediate vicinity of the shrouds, and (4) raking the leading
edges of the blades forward out of the eye. Increasing the number of blades for propeller
pumps lowers o for a given submergence. A change in the impeller material may be very
beneficial, as described below.

Resistance of Materials to Cavitation Damage Table 8 shows the relative resistance
of several metals to cavitation pitting produced by magnetostriction vibration. It will be
seen that cast iron, the most commonly used material for impellers, has relatively little pit-
ting resistance relative to bronze and stainless steel, which are readily cast and finished.

Damage due to cavitation erosion is commonly assessed in terms of the depth of pene-
tration. The life of an impeller is generally considered to be the time required for cavita-
tion erosion to reach a depth of 75% of the blade thickness at any point®. The life of any
material in years can be expressed as the product of the mean depth of penetration rate

TABLE 8 Cavitation erosion resistance of metals

Alloy Magnetostriction Weight Loss after 2h, mg
Rolled stellite® 0.6
Welded aluminum bronze 3.2
Cast aluminum bronze 5.8
Welded stainless steel (2 layers, 17 Cr-7 Ni) 6.0
Hot rolled stainless steel (26 Cr-13 Ni) 8.0
Tempered rolled stainless steel (12 Cr) 9.0
Cast stainless steel (18 Cr-8 Ni) 13.0
Cast stainless steel (12 Cr) 20.0
Cast manganese bronze 80.0
Welded mild steel 97.0
Plate steel 98.0
Cast steel 105.0
Aluminum 124.0
Brass 156.0
Cast iron 224.0

“Despite the high resistance of this material to cavitation damage, it is not suitable for ordinary
use because of its comparatively high cost and the difficulty encountered in machining and grinding.
Source: Reference 69. ’
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(MDPR, in mm per year) times the thickness of the material in mm. Values of MDPR have
been deduced?®” from the weight loss of test samples of known diameter in a magnetostrie-
tion test (Table 8)%. Unfortunately, MDPR-values obtained in such tests are not the same
as those of actual pumps, as the mode of cavitation varies with pump operating conditions
and is generally different from the laboratory results. Nevertheless, laboratory results for
MDPR have been used to rank the ability of various materials to resist cavitation erosion
in pumps. See Section 8.1 for material selection guidelines.

Cavitation-resistant coatings, either metallic or nonmetallie, have found some niche
applications. Elastomeric coatings are resilient and resist cavitation through a different
erosion mechanism than that of metal. As such, they can be very effective®. At least two
considerations are involved in the use of coatings for resisting cavitation damage: 1) even
if a contemplated coating demonstrates a reduced damage or erosion rate, this reduction
must be enough to justify the cost of establishing a satisfactory bond between the coating
and the base metal; 2) erosion of both the coating and the base material must be consid-
ered in determining the life according to the above 75%-depth criterion. Therefore, the life
in this case would be equal to the MDPR of the coating times the coating thickness plus
the MDPR of the base material times the allowable erosion depth of that material.

Inducers Tt is sometimes difficult or impossible to provide the required NPSH for an
otherwise acceptable pump. Besides normal industrial situations that might produce a
very low available NPSH, the need to keep the weight down in aircraft and rocket liquid-
propellant pumps has led to high rotative speeds, which, for typical values of NPSH, pro-
duce extremely high suction specific speeds. The performance-NPSH required by the
impeller under these circumstances can be provided by a small, axial-flow booster pump,
called an inducer, placed ahead of the first-stage impeller®®. Inducers are designed to oper-
ate with very low NPSH and to provide enough head to satisfy the NPSH required by the
impeller. In fact, long stable cavities are established on the suction sides of the long,
lightly-loaded blades of an inducer, which enable it to operate at about twice the suction
specific speed of a conventional impeller*#. At lower than normal flow rates, however,
inducers readily produce swirling, destabilizing backflow at the inlet, which can cause
excessive pump vibration in high-head pumps. These instabilities can be overcome by var-
ious passive design features, such as that described in Reference 39.

The inducers described in Reference 42 (Figure 30) have “constant lead” helical blades,
They contribute not more than 5% of the total pump head. Although the efficiency of the
inducer alone is low, the reduction in overall pump efficiency is not significant. Because
this type of inducer causes prerotation, a careful match between inducer and suction
impeller is required. In vertical multistage pumps, where a long shaft can be better sup-
ported, a vaned diffuser may be inserted between the inducer and the first-stage impeller.
Such an arrangement is very beneficial for operation at reduced flow rate. Reference 42
shows that a suitable inducer-impeller combination can operate at about 50% of the NPSH
required for the impeller alone at flow rates not exceeding the normal value. The NPSH
requirement increases rapidly for flow rates above normal. Unless a variable-lead inducer
is used? 3, operation in this range should be avoided.

Entrained Air Air or other gases may enter the impeller inlet from several sources. The
immediate effect usually will be a drop in pump pressure rise, flow rate, and power. This
will be followed by loss of prime if more gas is present than the impeller can handle. A
typical limit for commercial industrial pumps is an inlet gas-to-liquid volume fraction
(GVF) of 0.08, although specialty pumps such as those used in aircraft (Section 12.18.1}
can handle higher GVF. See also Reference 10, Section 2.1.1. Air may be released from
solution or enter through leaks in the suction piping. Stuffing box air leakage may be pre-
vented by lantern rings supplied with liquid from the pump discharge. If the pump takes
water from a sump with a free surface, a vortex may form from the free surface to the
impeller inlet. The remedy may be the introduction of one or more baffle plates or even
major changes in the sump. For information on proper sump design and the prevention
of air-entraining vortices, see Sections 13.1 and 13.2, pp. 457 and 460 of Reference 7, and
Reference 43. It is sometimes permissible to inject a small amount of air into the pump
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FIGURE 30 Pump fitted with inducer (Reference 42)

suction to reduce the noise and damage from cavitation caused by inadequate NPSH or
recirculation in the impeller.

STARTING CENTRIFUGAL PUMPS

Priming Centrifugal pumps usually are completely filled with the liquid to be pumped
before starting. When so filled with liquid, the pump is said to be primed. Pumps have been
developed to start with air in the casing and then be primed.* This procedure is unusual
with low-specific-speed pumps but is sometimes done with propeller pumps!®. In many
installations, the pump is at a lower elevation than the supply and remains primed at all
times, This is customary for pumps of high specific speed and all pumps requiring a pos-
itive suction head to avoid cavitation.

Pumps operated with a suction lift may be primed in any of several ways. A relatively
inexpensive method is to install a special type of check valve, called a foot valve, on the
inlet end of the suction pipe and prime the pump by filling the system with liquid from any
available source. Foot valves cause undesirable frictional loss and may leak enough to
require priming before each starting of the pump. A better method is to close a valve in the
discharge line and prime by evacuating air from the highest point of the pump casing.
Many types of vacuum pumps are available for this service. A priming chamber is a tank
that holds enough liquid to keep the pump submerged until pumping action can be initi-
ated. Self-priming pumps usually incorporate some form of priming chamber in the pump
casing. Section 2.2.2 and Reference 7 may be consulted for further details.

Torque Characteristics of Drivers Centrifugal pumps of all specific speeds usually
have such low starting torques (turning moments) that an analysis of the starting phase
of operation seldom is required. Steam and gas turbines have high starting torques, so no
special starting procedures are necessary when they are used to drive pumps. If a pump
is directly connected to an internal combustion engine, the starting motor of the engine
should be made adequate to start both driver and pump. If the starter does not have
enough torque to handle both units, a clutch must be provided to uncouple the pump until
the driver is started.
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Electric motors are the most commonly used drivers for centrifugal pumps. Direct cur-
rent motors and alternating current induction motors usually have ample starting torque
for all pump installations, provided the power supply is adequate. Many types of reduced
voltage starters are available to limit the inrush current to safe values for a given power
supply. Synchronous motors are often used with large pumps because of their favorable
power-factor properties. They are started as induction motors and run as such up to about
95% of synchronous speed. At this point, dc field excitation is applied and the maximum
torque the motor can then develop is called the poll-in torque, which must be enough to
accelerate the motor and connected inertia load to synchronous speed in about 0.2 s if syn-
chronous operation is to be achieved. Centrifugal pumps usually require maximum torque
at the normal operating point, and this should be considered in selecting a driver, partic-
ularly a synchronous motor, to be sure that the available pull-in torque will bring the unit
to synchronous speed.

Torque Requirements of Pumps The torque, or turning moment, for 2 pump may be
estimated from the power curve in USCS units by

M= 5252P (25)
n
and in SI units by
M= 9549pP
n

where M = pump torque,lb - ft (N« m)
P = power, hp (kW)
n = speed, rpm

Equation 25 makes no allowance for accelerating the rotating elements or the liquid in
the pump. If a 10% allowance for accelerating torque is included, the constant should be
correspondingly increased. The time At required to change the pump speed by an amount
An = ny — n,is given by

IAn

At = m (26)

where At = time, s
I

moment of inertia (flywheel effect) of all rotating elements of driver, pump,
and liquid, 1b - ft (kg * m?

An = change in speed, rpm
k = 307 in USCS (9.549 in S
M., = driver torque, b : ft (N - m)
M = pump torque, 1b - ft (N - m) (Eq. 25)

The inertia I of the driver and pump usually can be obtained from the manufacturers
of the equipment. The largest permissible An for accurate calculation will depend on how
rapidly M, and M vary with speed. The quantity M,, — M should be nearly constant over
the interval An if an accurate estimate of At is to be obtained. Torque-speed characteris-
tics of electric motors may be obtained from the manufacturers.

Horizontal-shaft pumps fitted with plain bearings and packed glands require a break-
away torque of about 15% of M, the torque at the normal operating point, to overcome the
static friction, This may be reduced to about 10% of M, if the pump is fitted with antifric-
tion bearings. The breakaway torque may be assumed to decrease linearly with speed to
nearly zero when the speed reaches 15 to 20% of normal. Construction of torque-speed
curves requires a knowledge of the pump characteristics at normal speed as well as details
of the entire pumping system. Some typical examples taken from Reference 7 are given
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below. The following forms of Eqs 12 are useful in constructing the various performance
curves:

UP)
Q= @ n_1 (27)
7o \2 2
H, = Hl(r—s) = H{%—f) (28)
(T 3
P,=P, -’; (29)
Ny 2
M, =M|— (30)
i
where @ = flow rate
n = speed
H = head
P = power
M = torque

in any consistent units of measure. After speeds n, and n, are chosen, the subscripts 1 and
2 refer to corresponding points on the characteristic curves for these speeds.

Low-Specific-Speed Pumps Figure 31 shows the constant-speed characteristics of a
pump having n, = 1740 (0.64) at best efficiency. This pump usually would be started with
a valve in the discharge line closed. During the starting phase, the pump operates at shut-
off with P, = 25.8 hp (19.2 kW) and n, = 1770 rpm. Then, by Eq. 25, M, = 76.6 1b - ft (103.9
N + m). These values may be used in Eq. 30 to evaluate starting torques M, at as many
speeds n, as desired and plotted in Figure 32 as curve BCD. Section AB of the starting
torque curve is an estimate of the breakaway torque. If the discharge valve is now opened,
the speed remains nearly constant but the torque increases as the flow rate and power
increase. If the normal operating point is @ = 1400 gpm (88.3 V/s) and P, = 53.2 hp (39.7 kW),
the motor torque will be M, = 158 1b - ft (214 N - m) by Eq. 25. The vertical line DE in
Figure 32 shows the change in torque produced by opening the discharge valve.
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FIGURE 81 Characteristics of a 6-by-8 double-section pump at 1770 rpm (ft X 0.3048 = m; gpm X 0.06309 = Us;
hp X 0.7457 = kW) n, = 1,740 (£}, = 0.64) (Reference 7)
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FIGURE 32 Torque characteristics of 6-by-8 pump shown in Figure 31 (b « ft X 1.356 = N « m} (Reference 7}

Instead of starting the pump with the discharge valve closed, let the pump be started
with a check valve in the discharge line held closed by a static head of 100 ft (30.5 m). The
frictional head in the system may be represented by 2@% The value of 2 may be estimated
from the geometry of the system or from a frictional-loss measurement at any convenient flow
rate @, preferably near the normal capacity @,. In this example, @, = 1400 gpm (88.33 I/s)
and & = 14.4/10° (0.00109). The curve labeled system head 1 in Figure 31 was computed
from H = 100 + (14.4/109@Q?ft (H = 30.48 + 0.00109@Q%m) and intersects the head curve
at H = 128 ft (39.01 m) and &, = 1400 gpm (88.33 V/s). The normal shutoff head is H, =
153 ft (46.6 m) at n, = 1770 rpm. By Eq. 28, the pump will develop a shutoff head H, = 100
ft (30,5 m) at n, = 1430 rpm. By Eq. 30, the torque at 1430 rpm will be 501b - ft (68 N - m),
corresponding to point C in Figure 32, The portion ABC of the starting torque curve has
already been constructed. Trial-and-error methods must be used to obtain the portion ABC
of the starting torque curve.

The auxiliary curves in Figure 33 are useful in constructing the CE portion of the start-
ing torque curve. Select a value of nyintermediate between 1427 and 1770 rpm, say n, =
1600 rpm. In Figure 31, read values of @,, H,, and P, for speed n, = 1770 rpm. By Eqgs. 27
and 28, determine values of @, and H,and plot as shown in Figure 31 until an intersection
with the system-head 1 curve is obtained that provides @4, corresponding to n = 1600
rpm. By Eq. 29, determine value of P,and plot as shown in Figure 31 until an intersection
is obtained with the &4y, line which provides P, corresponding to n = 1600 rpm. Eq. 34
is now used to obtain M., which is one point on the desired starting torque curve. The
process is repeated for various speeds n, until the curve CE in Figure 32 can be drawn. The
complete starting torque curve for this example is ABCE in Figure 31, with steady-state
operation at point E.

Assume that the pump of the preceding examples is installed in a system having zero
static head but a long pipeline with friction head given by H = (65.4/105Q? ft (H =
0.0050002?m), as shown in Figure 31 by the curve labeled system head 2. The valve in
the discharge line is assumed to open instantaneously when power is first applied to the
pump. The procedure described to construct curve CE of the preceding example must
now be used together with the system-head 2 curve of Figure 31 to obtain the curve BE
of Figure 32. The complete starting torque curve for this example is ABE in Figure 32,
with steady-state operation at point E.

The inertia of the fluid in the system was neglected in solving the previous examples.
Some of the power must be used to accelerate the liquid, and this may be appreciable in the
case of a long pipeline. Low-specific-speed pumps, which are used with long pipelines, have
rising power curves with minimum power at shutoff and maximum power at normal flow
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FIGURE 33 Analysis of 6-by-8 pump shown in Figure 41 {(ft X 0.3048 = m; gpm X 0.06309 = U/s; 1b « ft x 1.356 =
N em; hp % 0.7457 = kW) (Reference 7)

rate. Experience has shown that the starting torque-speed curves computed by neglecting
the inertia of the liquid are conservative, so inertia effects need not be included. The iner-
tia effect of the liquid does slow the starting operation. If the time required to reach any
event, such as a particular speed or flow rate, is required, the inertia of the liquid should
be considered, but including it greatly increases the difficulty of computation. References
45 through 48 give general methods for handling problems involving liquid transients.

High-specific-speed pumps have falling power flow rate curves with maximum power
at shutoff and minimum power at normal flow rate. Neglecting the inertia of the liquid
probably will result in too low a value for the computed starting torque for such pumps. If
liquid inertia is to be included, consult References 44 to 47 and Section 11.1.

MEDIUM- AND HIGH-SPECIFIC-SPEED PUMPS Figure 34 shows constant-speed characteristics
for a medium-specific-speed pump, n, = 4570 (1,672) at best efficiency. The shutoff power
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FIGURE 34 Characteristics of a 16-in {40.6cm) volute pump with mixed-flow impeller with flat power
characteristic (ft X 0.3048 = m; gpm x 0.06309 = Us; hp X 0.7457 = kW). n, = 4570 ({}, = 1.672) (Reference 7)
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FIGURE 35 Torque characteristics of pump shown in Figure 34 (Reference 7)

o]

is the same as the power at best efficiency, and the starting torque-speed curve is but lit-
tle affected by the method of starting, as shown by Figure 35.

Figure 36 shows the constant-speed characteristics of a high-specific-speed propeller
pump, n, = 12,000 (4.391) at best efficiency. Figure 37 shows the starting torque-speed
curve when the pump is started against a static head of 14 ft (4.3 m) and a friction head
of 1 ft (0.3 m) at @, = 12,500 gpm (789 V/s). The system was assumed full of water with a
closed check valve at the outlet end of the short discharge pipe. The methods of computa-
tion for Figures 35 and 37 were the same as for Figure 32.

Sometimes propeller pumps are started with the pump submerged but with the dis-
charge column filled with air. In such a case, the torque-time characteristic for the driver
must be known and a step-by-step calculation carried out. If the discharge column is a
siphon initially filled with air, the starting torque may exceed the normal running torque
during some short period of the starting operation. If the pump is driven by a synchronous
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FIGURE 36 Characteristics of a 30-in (76.2-cm) discharge propeller pump at 700 rpm (ft % 0.1048 = m; gpm X
0.06309 = l/s; hp % 0.7457= kW). n, = 12,000 (), = 4.391) (Reference 7)
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FIGURE 37 Torque characteristics of pump shown in Figure 36 (Reference 7)

motor, it is particularly important to investigate the starting torque in the range of 90 to
100% of normal speed to make sure that the pull-in torque of the motor is not exceeded.
For additional information regarding starting high-specific-speed pumps discharging
through long and large diameter systems, see Section 11.1.

Miscellaneous Requirements Pumps handling hot liquids should be warmed up to
operating temperature before being started unless they have been especially designed for
quick starting. Failure to do this may cause serious damage to wearing rings, seals, and
any hydraulic balancing device that may be present. A careful check of the installation
should be made before starting new pumps, pumps that have had a major overhaul, or
pumps that have been standing idle for a long time. It is very important to follow the man-
ufacturer’s instructions when starting boiler-feed pumps. If these are unavailable, Refer-
ence 7 may be consulted. Ascertain that the shaft is not frozen, that the direction of
rotation is correct, preferably with the coupling disengaged, and that bearing lubrication
and gland cooling water meet normal requirements. Failure to do this may result in dam-
age to the pump or driver.

A pump may run backwards at runaway speed if the discharge valve fails to close fol-
lowing shutdown. Any attempt to start the pump from this condition will put a prolonged
overload on the motor. Figure 38 shows one example of the torque-speed transient for a
pump, n, = 1700 (0.622), started from a runaway reversed speed while normal pump head
was maintained between the section and discharge flanges. In most practical cases, water
hammer effects would make this transient even more unfavorable than Figure 38 indicates.
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FIGURE 38 Torque characteristics of a double-suction pump, n, = 1700 (0.64), from reversed runaway speed to
normal forward speed (Reference 7)
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The duration of such a transient will always be much longer than the normal starting
time, and so protective devices would probably disconnect the motor from the power sup-
ply before normal operation could be achieved. Consult Section 11.1 for additional infor-
mation on this subject.

REGULATION OF FLOW RATE

Flow rate variation ordinarily is accomplished by a change in pump head, speed, or both
simultaneously. The flow rate and power input of pumps with specific speeds up to about
4000 (1.464) double suction increase with decreasing head, so the drivers of such pumps
may be overloaded if the head falls below a safe minimum value, Increasing the head of
high-specific-speed pumps decreases the flow rate but increases the power input, The dri-
vers of these pumps should either be able to meet possible load increases or be equipped
with suitable overload protection. Flow rate regulation by the various methods given
below may be manual or automatic (see also References 1, 7, 12, 34 and 49).

Discharge Throttling This is the cheapest and most common method of flow rate mod-
ulation for low- and medium-specific-speed pumps. Usually its use is restricted to such
pumps. Partial closure of any type of valve in the discharge line will increase the system
head so the system-head curve will intersect the pump head curve at a smaller flow rate,
as shown in Figure 40. Discharge throttling moves the operating point to one of lower effi-
ciency, and power is lost at the throttle valve. This may be important in large installa-
tions, where more costly methods of modulation may be economically attractive. Throttling
to the point of cutoff may cause excessive heating of the liquid in the pump. This may
require a bypass to maintain the necessary minimum flow or use of different method of
modulation. This is particularly important with pumps handling hot water or volatile lig-
uids, as previously mentioned. Refer to Section 11.2 for information regarding the sizing
of a pump bypass.

Suction Throtiling If sufficient NPSH is available, some power can be saved by throt-
tling in the suction line. Jet engine fuel pumps frequently are suction throttled® because
discharge throttling may cause overheating and vaporization of the liquid. At very low flow
rate, the impellers of these pumps are only partly filled with liquid, so the power input and
temperature rise are about one-third the values for impellers running full with discharge
throttling. The capacity of condensate pumps frequently is submergence-controlled,” which
is equivalent to suction throttling. Special design reduces cavitation damage of these
pumps to a negligible amount, the energy level (Section 2.1.1) being quite low.

Bypass Regulation All or part of the pump flow may be diverted from the discharge
line to the pump suction or other suitable point through a bypass line. The bypass may
contain one or more metering orifices and suitable control valves. Metered bypasses are
commonly used with boiler-feed pumps for reduced-flow operation, mainly to prevent over-
heating. There is a considerable power saving if excess capacity of propeller pumps is
bypassed instead of using discharge throttling. See Section 11.4.

Speed Regulation This can be used to minimize power requirements and eliminate
overheating during flow rate modulation. Steam turbines and internal combustion
engines are readily adaptable to speed regulation at small extra cost. A wide variety of
variable-speed mechanical, magnetic, and hydraulic drives are available, as well as both
ac and de variable-speed motors. Usually variable-speed motors are so expensive that they
can be justified only by an economic study of a particular case. Figure 39 shows a study
by Richardson® of power requirements with various drivers wherein substantial
economies in power may be obtained from variable-speed drives.

Regulation by Adjustable Vanes Adjustable guide vanes ahead of the impeller have
been investigated and found effective with a pump of specific speed n, = 5700 (2.086).
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FIGURE 39 Power requirements of two double-suction pumps in series operated at constant head and variable flow
rate. Total H, = 382 ft {116 m) for both pumps at 1800 rpm (gpm X 0.06309 = I/s hp % 0.7457 = kW) (Reference 50).
Curve AA; constant speed with discharge throttling. Curve BB: synchronous motor with variable-speed hydraulic
coupling on each pump. Curve CC: variable-speed wound-rotor induction motor. Curve DD: dc motor with rectifier and
shunt field control. Curve EE: synchronous motor with variable-speed constant-efficiency mechanical speed reducer

The vanes produced a positive prewhirl that reduced the head, flow rate, and efficiency.
Relatively little regulation was obtained from the vanes with pumps having n, = 3920
(1.204) and 1060 (0.39). Adjustable outlet diffusion vanes have been used with good suc-
cess on several large European storage pumps for hydroelectric developments. Pro-
peller pumps with adjustable-pitch blades have been investigated with good success.
Wide flow rate variation was obtained at constant head and with relatively little loss
in efficiency. These methods are so complicated and expensive that they have very lim-
ited application in practice. Reference 34 may be consulted for further discussion and
bibliography.

Air Admission Admitting air into the pump suction has been demonstrated as a means
of flow-rate regulation, with some savings in power over discharge throttling. Usually air
in the pumped liquid is undesirable, and there is always the danger that too much air will
cause the pump to lose its prime. The method has rarely been used in practice but might
be applicable to isolated cases.

PARALLEL AND SERIES OPERATION

Two or more pumps may be arranged for parallel or series operation to meet a wide range
of requirements in the most economical manner. If the pumps are close together, that is,
in the same station, the analysis given below should be adequate to secure satisfactory
operation. If the pumps are widely separated, as in the case of two or more pumps at
widely spaced intervals along a pipeline, serious pressure transients may be generated by
improper starting or stopping procedures. The analysis of such cases may be quite com-
plicated, and References 46 to 48 should be consulted for methods of solution.

Parallel Operation Parallel operation of two or more pumps is a common method of
meeting variable-flow-rate requirements. By starting only those pumps needed to meet
the demand, operation near maximum efficiency can usually be obtained. The head-flow
characteristics of the pumps need not be identical, but pumps with unstable characteris-
tics may give trouble unless operation only on the steep portion of the characteristic can
be assured. Care should be taken to see that no one pump, when combined with pumps
of different characteristics, is forced to operate at flows less than the minimum required
to prevent recirculation. See the discussion that follows on operation at other than nor-
mal flow rate. Multiple pumps in a station provide spares for emergency service and for
the downtime needed for maintenance and repair.
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FIGURE 40 Head-flow curves of pumps operating in parallel

The possibility of driving two pumps from a single motor should always be considered,
as it usually is possible to drive the smaller pumps at about 40% higher speed than a sin-
gle pump of twice the capacity. The saving in cost of the higher-speed motor may largely
offset the increased cost of two pumps and give additional flexibility of operation.

One of the first steps in planning for multiple-pump operation is to draw the system-
head curve, as shown in Figure 40. The system head consists of the static head H, and the
sum Hyof the pipe-friction head and the head lost in the valves and fittings (see Sections
11.1 and 11.2). The head curves of the various pumps are plotted on the same diagram,
and their intersections with the system-head curve show possible operating points. Com-
bined pump head curves are drawn by adding the flow rates of the various combinations
of pumps for as many values of the head as necessary. The intersection of any combined
H-@ curve with the system-head curve is an operating point. Figure 40 shows two pump
head curves and the combined curve. Points 1, 2, and 3 are possible operating conditions.
Additional operating points may be obtained by changing the speed of the pumps or by
increasing the system-head loss by throttling. Any number of pumps in parallel may be
included on a single diagram, although separate diagrams for different combinations of
pumps may be preferable.

The overall efficiency n of pumps in parallel is given by

= H——(SIZ Br) % (31)
where H = head, ft (m)
sp. gr. = specific gravity of the liquid
k = 3960 USCS (0.1021 SI)
2 = sum of the pump flow rates, gpm (I/s)

SP = total power supplied to all pumps, hp (W)

Series Operation Pumps are frequently operated in series to supply heads greater than
those of the individual pumps. The planning procedure is similar to the case of pumps in
parallel. The system-head curve and the individual head-flow curves for the pumps are
plotted as shown in Figure 41. The pump heads are added as shown to obtain the com-
bined pump head curve. In this example, Pump 2 operating alone will deliver no liquid
because its shutoff head is less than the system static head.

There are two possible operating points, 1 and 2, as shown by the appropriate inter-
sections with the system-head curve. As with parallel operation, other operating points
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FIGURE 41 Head-flow curves of pumps operating in series

could be obtained by throttling or by changing the pump speeds. The overall efficiency of
pumps in series is given by

Q(sp.gr) sH
n Z X SP (32)
wherein the symbols are the same as for parallel operation. It is important to note that the
stuffing box pressure of the second pump is increased by the discharge pressure of the first
pump. This may require a special packing box for the second pump with leakofT to the sue-
tion of the first pump. The higher suction pressure may increase both the first cost and the
maintenance costs of the second pump.

OPERATION AT OTHER THAN THE NORMAL FLOW RATE

Centrifugal pumps usually are designed to operate near the point of best efficiency, but
many applications require operation over a wide range of flow rates, including shutoff, for
extended periods of time. Pumps for such service are available but may require special
design and construction at higher cost. Noise, vibration, and cavitation may be encoun-
tered at low flow rates. Large radial shaft forces at shutoff as well as lack of through flow
to provide cooling may cause damage or breakage to such parts as shafts, bearings, seals,
glands, and wearing rings of pumps not intended for such service. Some of the phenomena
associated with operation at other than normal flow rate are desecribed below.

Recircuiation There is a small flow from impeller discharge to suction through the
wearing rings and any hydraulic balancing device present. This takes place at all flow
rates, but does not usually contribute to raising the liquid temperature very much unless
operation is near shutoff,

When the flow rate has been reduced by throttling (or as a result of an increase in sys-
tem head), a secondary flow called recirculation begins. Recirculation is a flow reversal due
to separation at the suction and at the discharge tips of the impeller vanes. All impellers
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have a critical flow rate at which recirculation occurs. The flow rates at which suction and
discharge recirculation begin can be controlled to some extent by design, but recirculation
cannot be eliminated (see Figure 6 in Section 2.1.1),

Suction recirculation is the reversal of flow at the impeller eye. A portion of the flow is
directed out of the eye at the eye diameter, as shown in Figure 42 , and travels upstream
with a rotational velocity approaching the peripheral velocity of the diameter. A rotating
annulus of liquid is produced upstream from the impeller inlet, and through the core of
this annulus passes an axial flow corresponding to the output flow rate of the pump. In
pumps equipped with long, straight suction nozzles but no suction elbow, this rotating
fluid has been detected over considerable distances upstream from the impeller eye. Suc-
tion pressures measured at wall taps where this phenomenon is present are always higher
than the true average static pressure across the measuring section. This means that the
pump head as determined from wall taps is less than it would be if true average static
pressures were measured. The high shear rate between the rotating annulus and the axial
flow through the core produces vortices that form and collapse, producing noise and cavi-
tation in the suction of the pump.

Discharge recirculation is the reversal of flow at the discharge tips of the impeller
blades, as shown in Figure 43. The high shear rate between the inward and outward rel-
ative velocities produces vortices that cavitate and can attack the pressure side of the
blades. This phenomenon, which tends to occur at a lower flow rate than the highest @ for
suction recirculation, also involves stalled flow from the diffuser vanes or volute
tongue(s). Separated reversed flow recirculates and emerges from these vane systems
back into the impeller with negative swirl (that ig, swirl opposite to the direction of rota-
tion). The impeller must expend significant power to redirect the portion of this fluid
(that reenters it) out again—-with positive swirl. As discussed in Section 2.1.1, the portion
of this backflow from the diffuser or volute that enters the spaces outside the impeller
shrouds and adjacent to the casing walls has the potential to reverse the axial thrust of
the impeller, and this reversal can fluctuate if the backflow is unsteady (as separated,
recirculating flow normally is) and not always feeding the same side of the impeller.

DETECTING RECIRCULATION The presence of suction or discharge recirculation can be
determined by monitoring the pressure pulsations in the suction and in the discharge
areas of the casing. Pressure transducers, installed as close to the impeller as possible in
the suction and discharge areas of the pump, can be used to detect pressure pulsations.
Figure 44 is a typical plot of the amplitudes of these pulsations against flow rate—with
reference to the accompanying pump head and efficiency. As the flow rate is reduced, a sud-
den increase in the magnitude of pressure pulsations indicates the onset of recirculation.

LIBERTY EXHIBIT 1017, Page 189



2.1.3 CENTRIFUGAL PUMPS: HYDRAULIC PERFORMANCE AND BEHAVIOR 2.165

S R S S SN

FIGURE 43 Discharge recirculation

.. r.w-%
(™) — \ —T%
— | N
v — o
7._
[ —
7 =
H w>
[S]
100 / o2
3 / 2|5
Y ™~ ol
= z z T w
. B 13 .
e / &S |43
vl <z |83
g BT ‘*ﬁ@
& a8 8a
e O Gle |[Ax o
96
/’h\
on A \
.
L4 \
i
o £ 1
rg——ee
X \
’;Lui Y.y / 1
2R 1A
Ll 4
Lt
Be .
g5 | Y -
gol ~L DISCHARGE . be—T" "
te SUGTION _/p
) Y20 40 60 80 100 120 140

PERCENT CAPACITY

FIGURE 44 Detecting recirculation by means of pressure pulsations. As flow rate (capacity) is reduced, the
initiation of recirculation is indicated by a marked increase in amplitude of the pressure pulsations.
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FIGURE 48 Detecting suction recirculation by means of a downstream-facing pitot tube at the impeller eye. As
the flow rate is decreased, normal flow (a) gives way to recirculation (h) and the higher pressure reading due to the
impact of the backflow

Also, suction recirculation can be detected by means of a pitot tube installed at the
impeller eye, as shown in Figure 45. With the tube directed into the eye, the reading in
the normal pumping range is the suction head minus the velocity head at the eye. At the
point of recirculation, however, the flow reversal from the eye impinges on the opening of
the pitot tube—with a rapid rise in the gage reading.

CORRECTIVE PROCEDURES Every impeller has specific recirculation characteristics, which
usually includes the presence of cavitation bubbles and the consequent damage as they
collapse on the impeller surfaces. An analysis of the symptoms associated with recircula-
tions leads to suggested corrective procedures for avoiding damage, such as the following:

1. Increase the delivered flow rate of the pump.
2. Install a bypass between the discharge and suction of the pump. (See Section 11.4.)

3. Substitute an improved material for the impeller that is more resistant to cavitation.
(See Section 8.1.)

4. Modify the impellef design. (See Section 2.1.1 and Section 12.5.)

QUANTIFYING THE ONSET OF RECIRCULATION A method for computing the flow rates Qg and
@pr below which suction and discharge recirculation respectively occur is presented in
Table 16 of Section 2.1.1, under the subheading “Minimum flow limits.” Another method
is illustrated in Figures 38 and 39 of that section. In general, these methods reveal that
Qsr approaches the BEP flow rate Gz as the eye diameter of the impeller approaches
that of the discharge; that is, as D, approaches D), Thus, high-specific-speed (high-n,)
impellers and inducers are subject to suction recirculation over most of the flow range
below BEP. However, even for lower-n, impellers, as can be seen in the first design exam-
ple of Section 2.1.1, D,/ D, increases with the design value of suction specific speed S, lead-
ing to the conclusion that high-S (or high-{}..) impellers can experience the deleterious
effects of recirculation at flow rates not far below BEP.

OPERATION WITH RECIRCULATION Despite the existence of suction and discharge recircula-
tion, the mechanical response of the pump will not be serious unless the energy level is high.
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In other words, most pumps can indeed be operated at § < @sz. The minimum flow rate or
simply “minimum flow” @, is quantified in Section 2.1.1. As energy level is increased, @,
approaches Qg in the limit. Examples of the difference between @, and @5 are as follows:
For water pumps rated at 2500 gpm (158 I/s) and 150 ft (45.7 m) total head or less, the min-
imum operating flows can be as low as 50% of the suction recirculation values shown for
continuous operation and as low as 25% for intermittent operation. For hydrocarbons, the
minimum operating flows can be as low as 60% of the suction recirculation values shown
for continuous operation and as low as 25% for intermittent operation. 5% %%

Temperature Rise Under steady-state conditions, friction and the work of compression
increase the temperature of the liquid as it flows from suction to discharge. A further tem-
perature increase may arise from liquid returned to the pump suction through wearing
rings, a balancing device, or a minimum-flow bypass line that protects the pump when
operating at or near shutoff.

Assuming that all heat generated remains in the liquid, the temperature rise is

_sHXx(1-n)

AT
&:.Cond

+ AT, (33)

where g/g, = 1 Ibf/lbm; but when using SI units, g/g, is replaced by 9.80665 m/s? (= g in the
SI system). AT, is due to the compression of the liquid and is not a consequence of loss or
dissipation as is the term involving the pump efficiency 7 (see Section 2.1). As shown in
Reference 1 of Section 2.1, AT, is 3°F per 1000 psi (0.24°C per MPa) of pump pressure rise
for hydrocarbon fuels. For boiler feedwater at 350°F (177°C), AT, = 1.6°F per 1000 psi
(0.129°C per MPa), but it is much smaller for cold water. By consulting tables of properties
for the liquid phase of the fluid being pumped and assuming the compression process
between the actual inlet and discharge pressures to be isentropic, AT, can be determined.
This is important if Eq. 33 is used to evaluate overall pump efficiency from temperature
rise measurements. AT and AT, are often of the same order of magnitude at BEP, and seri-
ous errors have been made by excluding AT, from the efficiency computation. At very low,
of-BEP flow rates, AT will be high in comparison to AT ,; so, the latter can be safely ignored
in temperature rise calculations at such low-efficiency conditions.

In practice, determination of efficiency from AT-measurements is accomplished by the
direct thermodynamic method®, rather than by the AT.-method. Both approaches are
based on the definition of pump efficiency as the ratio of an isentropic rise of total enthalpy
(= gAH) to the actual rise of total enthalpy (Eq. 1 of Section 2.1.1), allowances being made
for the usually small external power losses that do not appear in the pumped fluid (such
as bearing drag) and the similarly small effects of heat transferred between pump and
surroundings. In the direct thermodynamic method, the enthalpy rise A is found from the
chain rule,

Ak = [dh = [[(ak/op)ydp + (9R/0T),dT] = aAp + C,JAT

the coefficients @ and C,¢J being average values of the two partial derivatives as found from
tables of thermodynamic properties of the fluid. Values of these partial derivatives are con-
veniently tabulated for water in Reference 54.

General service pumps handling cold liquids may be able to stand a temperature rise as
great as 100°F (56°C). Most modern boiler-feed pumps may safely withstand a temperature
rise of 50°F (28°C). The NPSH required to avoid cavitation or to prevent flashing of hot lig-
uid returned to the pump suction may be the controlling factor. Minimum flow may be dic-
tated by other factors, such as recirculation and unbalanced radial and axial forces on the
impeller. Axial forces can be the controlling factor with single-stage double-suction pumps.

It is especially important to protect even small pumps handling hot liquids from oper-
ation at shutoff. This is usually done by providing a bypass line fitted with a metering ori-
fice to maintain the minimum required flow through the pump. In the case of boiler-feed
pumps, the bypass flow usually is returned to one of the feed-water the water heaters.
Unless especially designed for cold starting, pumps handling hot liquids should be warmed
up gradually before being put into operation.
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Radial Thrust Ideally, the circumferential pressure distribution at the impeller exit is
uniform at the design condition (as explained in Section 2.1.1); however, it becomes non-
uniform at off-BEP flow rates. An exception is that concentric collecting configurations will
produce nonuniform pressure distributions at the BEP. Any nonuniformity leads to a
radial force on the pump shaft called the radial thrust or radial reaction. The radial thrust
F, in pounds (newtons) is

F, = kK ,(sp. gr.)HDyb, (34)
where & = 0.433 USGS (9790 SI)
K, = experimentally determined coefficient
sp. gr. = specific gravity of the liquid pumped (equal to unity for cold water)
H = pump head, ft (m)
D, = outside diameter of impeller, in (m)
b, = breadth of impeller at discharge, including shrouds, in (m)

Values of K, determined by Agostinelli et al.’® for single-volute pumps are given in
Figure 46 as functions of specific speed and flow rate. The magnitude and direction of F,
on the pump shaft may be estimated from Figure 47 , but Eq. 34 probably will be more
accurate for determining the magnitude of the force. The radial thrust usually is mini-
mum near @ = @, the flow rate at best efficiency, but rarely goes completely to zero.
Near shutoff, F, usually is maximum and may be a considerable force on the shaft in
high-head pumps.

The radial thrust can be made much smaller throughout the entire flow-rate range by
using a double volute (twin volute) or a concentric casing. These designs should be con-
sidered, particularly if the pump must operate at small flow rates. Figures 48 to 50 com-
pare radial forces generated by three types of casings: a standard volute, a double volute,
and a modified concentric casing. The latter casing was concentric with the impeller for
270° from the tongue and then enlarged in the manner of a single volute to form the dis-
charge nozzle. The magnitude and direction of F, on the pump shaft for the modified con-
centric casing may be estimated from Figure 51. The direction of F, on the pump shaft with
a double volute was somewhat random but in the general vicinity of the casing tongue.
Radial forces on pumps fitted with diffuser vanes usually are rather small, although they
may be significant near shutoff due to stall in some of the passages and not in others.

ExaMPLE Consider a single-stage centrifugal pump, n, = 2000 (0.732) at best effi-
ciency, handling cold water, sp. gr. = 1.0. Estimate the radial thrust on the impeller at
half the normal flow rate when fitted with (a) a single volute, (b) a modified concentric
casing, and (c) a double volute. Impeller dimensions are D, = 15.125 in (38.4 ¢cm) and
b, = 2.5 in (6.35 cm). The shutoff head is H = 252 ft (76.8 m), and the head at half
capacity is H = 244 ft (74.4 m),
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FIGURE 48 K, as a function of specific speed and flow rate for single-volute pumps (to obtain 0, divide by 2733.)
{Reference 53)
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Solution

(a) K. = 0.2 from Figure 46, by Eq. 34.

F. = (0.433)(0.2)(1.0)(244)(15.125)(2.5) = 799 1b (3554 N)

Estimating between the curves for ng, = 2370 (0.867) and 1735 (0.635) in Figure 47,
the direction of F, on the shaft should be about 65° to 70° from the casing tongue in the

direction of rotation.

(b} Use Figure 49, n, = 2120 (0.776), which is nearest to n, = 2000 (0.730), to find
the radial force for a modified concentric casing at half flow, which is about 33%
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FIGURE 51 Polar plot showing direction of resultant radial forces for modified concentric casings at various flow
rates and specific speeds; namely, 1,165 (0.426), 2,120 (0.776), and 3500 (1.281). The casings were concentric for

270° from the tongue. (Reference 55)
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of shutoff value for a single-volute casing. From Figure 46, for a single-volute
casing at shutoff, X, = 0.34 and

F. = (0.433)(0.34)(1.0)(252)(15.125)(2.5) = 1403 1b (6241 N)
Then, for a modified concentric casing at half flow,
F. = (0.33)(1403) = 463 1b (2059 N)

From Figure 51, the direction of F, should be about 75° to 80° from the casing
tongue in the direction of rotation.

(¢) From Figure 49, the radial force for a double-volute casing is about 8% of the
shutoff value for the single-volute casing, and so

F. = (0.08)(1403) = 112 1b (499 N)
According to Agostinelli et al.,’ the direction of the radial thrust in double-volute casings
was found to be generally toward the casing tongue. Stepanoff?has found this direction to

follow approximately that in single-volute casings (see also Biheller®®).

Axial Thrust See Section 2.1.1 and 2.2.1.

ABNORMAL OPERATION

Complete Pump Characteristics Many types of abnormal operation involve reversed
pump rotation, reversed flow direction, or both, and special tests are required to cover
these modes of operation. Several methods of organizing the data have been proposed, and
each has certain advantages. The Thoma diagrams shown in Figures 52 and 53% are eas-
ily understood and are truly complete characteristics diagrams because all possible modes
of operation are covered (see Sections 11.3 and 12.14 and also Reference 57).

Figure 54 shows schematic cross-sections of the two pumps tested by Swanson®® for
which characteristics are given in Figure 53.

The Karmanr circle diagram (Reference 59) attempted to show the complete character-
istics as a four-quadrant contour plot of surfaces representing head and torque with speed
and flow rate as base coordinates. Because the head and torque tend to infinity in two
zones of operation, another diagram would be required to show the complete pump char-
acteristics. The data presented in such a diagram are, nevertheless, adequate for almost
all requirements. One example of a circle diagram is given in Figures 55 and 56. Other
examples may be found in References 12, 58, and 59.

Frequently, tests with negative head and torque have been omitted so that only half of
the usual circle diagram could be shown. This has been called a three-quadrant plot, but
the information necessary to predict an event, such as possible water-column separation
following a power failure, is lacking.

Power Failure Transient A sudden power failure that leaves a pump and driver run-
ning free may cause serious damage to the system. Except for rare cases where a flywheel
is provided, the pump and driver usually have a rather small moment of inertia, and so
the pump will slow down rapidly. Unless the pipeline is very short, the inertia of the lig-
uid will maintain a strong forward flow while the decelerating pump acts as a throttle
valve. The pressure in the discharge line falls rapidly and, under some circumstances, may
go below atmospheric pressure, both at the pump discharge and at any points of high ele-
vation along the pipeline. The minimum pressure head which occurs during this phase of
the motion is called the downsurge, and it may be low enough to cause vaporization fol-
lowed by complete separation of the liquid column. Pipelines have collapsed under the
external atmospheric pressure during separation. When the liquid columns rejoin, fol-
lowing separation, the shock pressures may be sufficient to rupture the pipe or the pump
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FIGURE 52 Complete pump characteristics. Specific speeds: Voith pump n, = 1,935 (0.708}; Delaval pump — n, =
1,500 (0.549). (Reference 45)
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FIGURE 53 Complete pump characteristics. Specific speeds: Radial flow — n, = 1800 {0.659); Peerless 10MH
mixed flow — n, = 7,550 (2.763); Peerless 10PL axial flow — n, = 13,500 (4.940). (Reference 45)
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FIGURE 54 Schematic cross sections of high-specific-speed pumps, =, = 13,500 (4.940) for axial flow pump; n, =
7,550 (2.763) (Reference 45)

casing. Closing a valve in the discharge line will only worsen the situation, and so valves
having programmed operation should be closed very little, if at all, before reverse flow
begins.

Reversed flow may be controlled by valves or by arranging to have the discharge pipe
empty while air is admitted at or near the outlet. If reversed flow is not checked, it will
bring the pump to rest and then accelerate it with reversed rotation. Eventually the pump
will run as a turbine at the runaway speed corresponding to the available static head
diminished by the frictional losses in the system. However, while reversed flow is being
established, the reversed speed may reach a value considerably in excess of the steady-
state runaway speed. Maximum reversed speed appears to increase with increasing effi-
ciency and increasing specific speed of the pump. Calculations indicate maximum reversed
speeds more than 150% of normal speed for n, = 1935 (0.708) and n = 84.1%*. This should
be considered in selecting a driver, particularly if it is a large electric motor.

There will be a pressure increase, called the upsurge, in the discharge pipe during
reversed flow. The maximum upsurge usually occurs a short time before maximum
reversed speed is reached and may cause a pressure as much as 60% or more above nor-
mal at the pump discharge. A further discussion of power-failure transients is given in
Section 11.3.

ANALYSIS OF TRANSIENT OPERATION The data of Figures 52 and 53 have been presented in
a form suitable for general application to pumps having approximately the same specific
speeds as those tested. The symbols are h = H/H,, ¢ = @/&@,, m = M/M,, and v = n/n,,
wherein H, @, M, and n represent instantaneous values of head, flow rate, torque, and
speed respectively and the subscript n refers to the values at best efficiency for normal
constant-speed pump operation. Any consistent system of units may be used. According
to the affinity laws (Eqs. 12), g is proportional to v, and 2 and m are proportional to v%
Thus the affinity laws are incorporated in the scales of the diagrams. Figures 52 and 53
are divided into sections for convenience in reading data from the curves. The curves of
sections 1 and 3 extend to infinity as ¢/v increases without limit in either the positive or
negative direction. This difficulty is eliminated by sections 2 and 4, where the curves are
plotted against »/q, which is zero when g/v becomes infinite.

Usually any case of transient operation would begin at or near the point g/v = v/g = 1,
which appears in both sections 1 and 2 of Figures 52 and 53. The detailed analysis of tran-
sient behavior is beyond the scope of this treatise. An analytical solution by the rigid col-
umn method, in which the liquid is assumed to be a rigid body, is given in Reference 45.
Friction is easily included, and the results are satisfactory for many cases. The same ref-
erence includes a semigraphical solution to allow for elastic waves in the liquid, but fric-
tion must be neglected. Graphical solutions including both elastic waves and friction are
discussed in References 45 to 48. Computer solutions of a variety of transient problems are
discussed in Reference 47. These offer considerable flexibility in the analysis once the nec-
essary programs have been prepared.
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FIGURE 55 Circle diagram of pump characteristics, Specific speed n, = 4200 (1.537). (Courtesy Combustion
Engineering)

Some extreme conditions of abnormal operation can be estimated at points where the
curves of Figures 52 and 53 cross the zero axes and are listed in Table 9. The data for
Columns 2 to 4 of Table 9 were read from Sections 2 of Figures 52 and 53, and the data for
Columns 6 and 7 were read from Sections 3. Column 8 was computed from Column 7 by
assuming 2 = 1. Let the pump having n, = 1500 (0.549) deliver cold water with normal
head H, = 100 ft (30.48 m), and let the center of the discharge flange be 4 ft (1.2 m) above
the free surface in the supply sump. The discharge pressure head following power failure
may be estimated by assuming the inertia of the rotating elements to be negligible rela-
tive to the inertia of the liquid in the pipeline. Then ¢ = 1 and, from Column 2 of Table 9,
the downsurge pressure head is (-0.22)(100) — 4 = -26 ft (-7.9 m), which is not low enough
to cause separation of the water column.
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FIGURE 56 Explanatory diggram for Figure 55

Actually the downsurge would be less than this because of the effects of inertia and fric-
tion, which have been neglected, If this pump were stopped suddenly by a shaft seizure or
by an obstruction fouling the impeller, Column 4 of Table 9 shows the downsurge to be
(~0.55)(100) — 4 = -59 ft (-18 m), which would cause water column separation and, prob-
ably, subsequent water hammer. If, following power failure, the pump were allowed to oper-
ate as a no-load turbine under the full normal pump head, Column 8 of Table 9 shows the
runaway speed would be 1.14 times the normal pump speed. The steady-state runaway
speed usually would be less than this because the effective head would be decreased by
friction, but higher speeds would be reached during the transient preceding steady-state
operation. Column 8 shows that runaway speeds increase with increasing specific speed.

TABLE 8 Abnormal operating conditions of several pumps

Downsurge Runaway turbine
Free-running Locked-rotor

Specific speed mig® =0 vig =0 mht=10 h=1

n, {£,) hiqg? vig hig* m/g? qlv hiv? v

1 2 3 4 5 6 7 8
1500 (0.549)° -0.22 0.36 —-0.55 —-0.53 0.46 0.77 1.14
1800 (0.659) -0.24 0.31 —0.60 —0.44 0.56 0.75 1.16
1935 (0.708) -0.36 0.32 —-0.94 -0.60 0.41 0.66 1.23
7550 (2.763) -0.23 0.56 -1.67 -1.38 0.99 0.38 1.62
13,500 (4.940) -0.12 0.67 -0.96 -0.60 1.08 0.33 1.73

*Double-suction.
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DIRECTION OF ROTATICON

¢ DISCHARGE

CORRECT ROTATION CORRECT ROTATION REVERSED ROTATION
IMPELLER MOUNTED IMPELLER REVERSED IMPELLER MOUNTED
CORRECTLY CORRECTLY

A B C
FIGURE 57A through C Pump assembly and rotation (Reference 7)

Incorrect Rotation Correct rotation of the driver should be verified before it is coupled
to the pump (Figure 57). Sections 3 of Figures 52 and 53 show that reversed rotation might
produce some positive head and flow rate with pumps of low specific speed, but at very
low efficiency. It is unlikely that positive head would be produced by reversed rotation of
a high-specific-speed pump.

Reversed Impeller Some double-suction impellers can be mounted reversed on the
shaft. If the impeller is accidentally reversed, as at B in Figure 57, the flow rate and effi-
ciency probably will be much reduced and the power consumption increased. Care should
be taken to prevent this, as the error might go undetected in some cases until the driver
was damaged by overload. Table 1 shows performance data for six pumps with reversed
impellers. At least one of these would overload the driver excessively.

Further discussion of abnormal operating conditions may be found in References 7, 12,
and 34.

Vibration Vibration caused by flow through wearing rings and by cavitation has been
discussed in the foregoing and some remedies indicated. Vibration due to unbalance is not
usually serious in horizontal units but may be of major importance in long vertical units,
where the discharge column is supported at only one or two points. The structural vibra-
tions may be quite complicated and involve both natural frequencies and higher har-
monics, Vibration problems in vertical units should be anticipated during the design stage.
If vibration is encountered in existing units, the following steps may help to reduce it: (1)
dynamically balance all rotating elements of both pump and motor; (2) increase the rigid-
ity of the main support and of the connection between the motor and the discharge col-
umn: (3) change the stiffness of the discharge column to raise or lower natural frequencies
as required. A portable vibration analyzer may be helpful in this undertaking. Kovats®
has discussed the analysis of this problem in some detail.

Structural vibrations can occur in most pump types. Typical sources are a) bearing
housings—due to the commonly encountered cantilever construction, b) couplings, ¢) rotor
instabilities stemming from excessive ring clearances and consequent loss of Lomakin
stiffening of long-shaft multistage pumps, and d) hydraulic unbalance—due to dimen-
sional variations in flow passages and clearances®.

PREDICTION OF EFFICIENCY FROM MODEL TESTS

Many pumps used in pumped storage power plants and water supply projects are so large
and expensive that extensive use is made of small models to determine the best design. It
is often necessary to estimate the efficiency of a prototype pump, as a part of the guarantee,
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from the performance of a geometrically similar model. A model and prototype are said to
operate under dynamically similar conditions when

Dn/VH = D'n'/NVH',

where D = impeller diameter
n = pump speed
H = pump head

in any consistent units of measure. Primed quantities refer to the model and unprimed
quantities to the prototype. Dynamic similarity is a prerequisite to model-prototype test-
ing so that losses that are proportional to the squares of fluid velocities, called kirnetic
losses, will scale directly with size and not change the efficiency. Surface frictional losses
are boundary-layer phenomena which depend on Reynolds number

Re = D\/H/v,
where » = kinematic viscosity of the liquid pumped.

{See also Section 2.1, Egs. 36-40.) Reynolds numbers increase with increasing size, and,
within limits, surface frictional-loss coefficients decrease with increasing Reynolds num-
ber, This leads to a gain in efficiency with increasing size. Computational difficulties have
forced an empirical approach to the problem, Details of the development of a number of
formulas are given in Reference 62.

Moody-Staufer Formula In 1925, L. F. Moody and F. Staufer independently developed
a formula that was later modified by Pantell to the form

1- 77}1) (n’h> _ (D’)"

(=) () (5 &
where 7, = hydraulic efficiency, discussed previously, and D = impeller diameter. Primed
quantities refer to the model, and n is a constant to be determined by tests. The model
must be tested with the same liquid that will be used in the prototype; that is, cold water
in most practical cases. The original formula contained a correction for head, which is neg-
ligible if B’ = 0.8H, and this requirement is now virtually mandatory in commercial prac-
tice. The meager information available indicates 0.2 = n = (.1 approximately, with the
higher value currently favored. Improvements in construction and testing techniques very
likely will move n toward lower value in the future. The Moody-Staufer formula has been
widely used since first publication. In practice, both 7', and 7, are usually replaced by the
overall efficiencies ' and 7, respectively, because of the difficulty in determining proper
values for the mechanical and volumetric efficiencies (see Eq. 11).

Riitschi Formulas The general form of several empirical formulas due to K. Riitschi®?
and others was originally given as

My = ]Tfn’h (36)

where 7, and ', are the hydraulic efficiencies of the prototype and model, respectively, and
fand f' are values of an empirical f function for both the prototype and the model, The f
function was obtained from tests of six single-stage pumps. ng < 2000 (0.732) and is shown
in Figure 58 based on the eye diameters D, of the pumps in millimeters. Thus the f func-
tion depends on actual size in addition to scale ratio. The extrapolated portion of the curve,
shown dashed in Figure 58, checked well with values for a model and large prototype,
shown by E’ and E, respectively. One of several formulas that have been proposed to fit the
curve in Figure 58 is, in SI units,

(37)
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FIGURE 58 The f function for the Riitschi formula (to obtain D, in inches, multiply by 0.03937) (References 13 and 62)

where the eye diameter D, is in centimeters or, in USCS units,

0.0133
DI

F=1-

(38)

where D, is in feet. Figure 59 gives a graphical solution of Eq. 38. The Society of German
Engineers (VDI) has adopted a slightly modified version of the Riitschi formula as standard.
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FIGURE 59 Chart for the solution of the Riitschi formula (to obtain D, in meters, multiply by 0.3048)

(Reference 62)
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Riitschi later recommended, in discussion of Reference 62, that the internal efficiency n, =
7/, be used instead of the hydraulic efficiency 7, in Eq. 45. The mechanical efficiency 7,
will probably be very high for both model and prototype for most cases of interest, so good
results should be obtained if the overall efficiency is used in Eq. 36.

Model-prototype geometric similarity should include surface finish and wearing ring or
tip clearances, but this may be difficult or impossible to achieve. Anderson (see Section
2.1.1: Figure 10 and Reference 6) proposed a method that includes a correction for dis-
similarity in surface finish,

OPERATION OF PUMPS AS TURBINES

Centrifugal pumps may be used as hydraulic turbines in some cases where low first cost is
paramount. Because the pump has no speed-regulating mechanism, considerable speed
variation must be expected unless the head and load remain very nearly constant. Some
speed control could be obtained by throttling the discharge automatically, but this would
increase the cost, and the power lost in the throttle valve would lower the overall efficiency.

Pump Selection After the head, speed, and power output of the turbine have been spec-
ified, it is necessary to select a pump that, when used as a turbine, will satisfy the require-
ments. Assuming that performance curves for a series of pumps are available*, a typical
set of such curves should be normalized using the head, power, and flow rate of the best
efficiency point as normal values. These curves will correspond to the right part of Sec-
tion 1 of either Figure 52 or 53. In normalizing the power P, let p = P/P, and the curve of
p/v® will be identical with the curve of m/v? in Figure 52 or 53. The normalized curves may
be compared with the curves in Sections 1 of Figures 52 and 53 to determine which curves
best represent the characteristics of the proposed pump. When a choice has been made,
the approximate turbine performance can be obtained from the corresponding figure of
Figures 60 to 63.

EXAMPLE Assume that the turbine specifications are Hy = 20 ft, P, = 12.75 hp and n =
580 rpm, and that the characteristics of the DeLaval L10/8 pump are representative
of a series of pumps from which a selection can be made. The turbine discharge @ in
gallons per minute after substituting the above values is

_ 3960Pp 2520
! Hmyp nr

(39)
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FIGURE 60 Dimensionless characteristic curves for DeLaval L 10/8 pump, constant-discharge turbine operation
(Reference 63)

*1t is assumed that turbine mode characteristics of the proposed pump are not available when the initial selection is
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FIGURE 81 Dimensionless characteristic curves for Voith pump, constant-discharge turbine operation
(Reference 63)

where 7, 18 turbine efficiency, shown in Figure 60. Only the normal values @, H, P,
and so on, are common to the curves of both Figures 52 and 80, so these alone can be
used in selecting the required pump. Values of v/q, k/q? and 7, are read from the curves
of Figure 80 and corresponding values of @ computed by Eqg. 39. Values of §, and H, are
then given by

Q, = Qv/q) (40)
2 2
H = H(v/q)y 20(v/q) (41)
n= 2 2
h/q h/q
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FIGURE 62 Dimensionless characteristics curves for
Peerless 10MH pump, constant-discharge turbine

operation (Reference 63)

FIGURE 83 Dimensionless characteristic curves for
Peerless 10PL pump, constant-discharge turbine

operation (Reference 63)
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For example, in Figure 60 at »/g = 0.700, read h/g® = 0.595 and n; = 0.805. By Eq. 39,
Qr = 2520/0.805 = 3130 gpm; by Eq. 40, §, = (3130)(0.700) = 2190 gpm; and by Eq. 41,
H, = (20)(0.700)%0.9595 = 16.5 ft. In a similar manner, the locus of the best efficiency
points for an infinite number of pumps, each having the same characteristics as shown
in Figures 52 and 60, is obtained, and each pump would satisfy the turbine require-
ments. This locus of best efficiency points is plotted as curve A in Figure 64.

The head curve for a DeLaval L 16/14 pump having a 17-in-diameter impeller
tested at 720 rpm is shown as curve B in Figure 64, The best efficiency point was found
to be at @, = 3500 gpm and H, = 37.2 ft. The locus of the best efficiency points for this
pump for different speeds and impeller diameters is given by Egs. 12 as

@ )2= 3.04
3500 108

H, = 312( Q2 (42)

and is shown by curve C in Figure 64. Curve C intersects curve A at two points, show-
ing that the L 16/14 pump satisfies the turbine requirements. Only the intersection
at the higher turbine efficiency is of interest. At this point, @, = 2490 gpm and H, =
18.8 ft. Because the turbine speed was specified to be 580 rpm, the required impeller
diameter is given by Eqgs. 12 as

_ (17)(2490/3500) .
B
or by
17V18.8/372 ,
= 154n
580,720

The computed head curve for the 15-in-diameter impeller at 580 rpm is shown as
curve D in Figure 64. The turbine discharge is 3200 gpm from Eq. 39 with 5, = 0,787,
The optimum solution would be to have Curve C tangent to Curve A at the point
corresponding to maximum turbine efficiency, in this case n = 0.812. Because this
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would require a smaller pump, Curve E in Figure 64 shows a head curve for a K 14/12
pump, which was the next smaller pump in the series. Curve F, the locus of the best
efficiency points, does not intersect Curve A, showing that the smaller pump will not
satisfy the turbine requirements. It is important to note that the turbine head, 20 ft,
specified for this example was assumed to be the net head from the inlet to outlet
flange of the pump when installed and operated as a turbine.

The procedure outlined above should lead to the selection of a pump large enough to
provide the required power. However, it probably will be necessary to apply the affinity
laws over such wide ranges of the variables that the usual degree of accuracy should not
be expected. Considerable care should be exercised if it becomes necessary to interpolate
between the curves of Figures 60 to 63. The computed performance will very likely differ
from the results of subsequent tests. The curves of Figure 60 may be converted to show the
constant-head characteristics of the L 16/14 pump when installed and operated as a tur-
bine. Details of the method of computation are given in Reference 63, and the computed
characteristics are shown in Figure 65.

A comprehensive study by Acres American®® led to a computer program to aid in
selecting a pump to meet specific requirements when operating in the turbine mode.
Known pump characteristics are entered in the program according to a specified format.
The computer compares them with stored characteristics of pumps for which turbine mode
characteristics are known and provides estimated turbine mode characteristics for the
proposed pump. Vols. I and III of Reference 64 describe the method of computation and
give complete instructions for using the program.

Optimized Hydraulic Turbines A logical outgrowth of applying pumps as hydraulic tur-
bines is the optimization of these machines as turbines. Several points of efficiency
improvement have been demonstrated over that of pumps running in reverse as tur-
bines.® The fluid accelerates through both the stator or nozzles and the turbine wheel or
runner, whereas it decelerates through the same elements when they are acting as
impeller and diffuser or volute in the pumping mode. If the fluid never has to decelerate
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FIGURE 65 Computed constant-head turbine characteristics for DeLaval L 16/14 pump (gpm % 0.06309 = Us;
hp X 0.7457 = kW) (Reference 63)
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because the turbine will never be used as a pump, the nozzles and runner can be designed
to produce more aggressive and efficient acceleration in shorter distances than if the same
machine is simply a pump being used as a turbine. If it is a radial-inflow runner, the
resulting optimized turbine wheel employs a radial blade (with a blade angle 8 = 90°.
from the tangential direction) at the outer diameter (inlet). This outer diameter is about
75% of the diameter of the impeller of the pump-as-turbine, which further improves the
efficiency by reason of the reduction of the disk friction drag of the runner. Design and
application of both approaches is explained and compared in Reference 67. Many of the
applications of these hydraulic turbines are for power recovery in the pressure let-down
processes that occur in petroleum refining. Another variable is introduced in such
processes; namely, the evolution of large volumes of dissolved gas as the pressure
decreases through successive stages or portions of the turbine. This phenomenon affects
the performance of hydraulic turbines for such applications because somewhat more
power is produced when gas evolves from the liquid than when a single-phase liquid flows
through the turbine at the same pressure drop and mass flow rate.®®

VORTEX PUMPS

A typical vortex pump is shown in Figure 66.* The ability of this type of pump to handle
relatively large amounts of suspended solids as well as entrained air or gas more than off-
sets the relatively low efficiency. Table 10 lists performance data for four typical vortex
pumps and four radial-flow centrifugal pumps of nearly the same head and flow rate.
Figure 67 shows the head characteristics of a typical vortex pump with impellers of dif-
ferent diameters together with curves of constant efficiency and constant NPSH. Power
curves for the same impellers are shown in Figure 68.

Curves for a conventional radial-flow pump have been added for comparison in Figures
67 and 68. Note that the head of the vortex pump does not decrease as rapidly with an
increasing flow rate as does the head of the conventional pump. The power requirement of
the vortex pump increases almost linearly with an increasing flow rate, whereas the power
required by a conventional pump of about the same specific speed reaches a maximum and
then decreases with the increasing flow rate.

Thus if the motor of the vortex pump has been selected to match the power required at
the normal flow rate for best efficiency, it will be overloaded if the pump operates much
beyond that point.

FIGURE 66 Vortex pump {courtesy Fybroc Division, METPRO)

*See also Section 12.2.
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FIGURE 67
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INTRODUCTION

Vibration is the fundamental measure of the mechanical waste energy within rotating
machinery. In this respect it is a major performance phenomenon that is distinct from the
hydraulic characteristics that the user demands of a pump, which must be s0 constructed
that it will indeed perform as required. When failures occur in pumps and their associated
systems, they generally are either caused by excessive vibration, or can be diagnosed by
abnormalities in the vibration characteristics of the pump, which in turn are intimately
connected with the design, construction, and application of the machine.

This section deals with the sources of pump mechanical distress and vibration, meth-
ods of vibration analysis and testing, and the diagnostic interpretation of pump vibration.
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BASIC PRINCIPLES OF VIBRATION

Vibration consists of the oscillatory motion of one or more locations on a component. This
motion can be considered as a function of time (this is how a person intuitively “sees” or
“feels” vibration), or as a function of frequency, that is, how many oscillations per second,
or hertz (Hz), are occurring. These are two methods of considering the same motion, and
are related to each other through the Fourier Transform, often implemented by engineers
and their instruments through use of the “Fast Fourier Transform,” or FFT. The FFT is
able to decompose a complex signal into the various frequency components and phase rela-
tionships (timing) between these components that must be present in order for the time
signal to have the waveform shape that it exhibits when the vibrational motion is plotted
versus time. As will be seen, the FFT vibration versus frequency “spectrum” plot is useful
in determining the probable source of vibrations, and whether or not the vibration level is
unusual or signifies a problem requiring maintenance attention, or even immediate shut-
down of the pump.

The vibrational response of a pump as a mechanical “system” is the result of the exci-
tation forces (internally or externally imposed) imparted to the system, as amplified or
attenuated by the inherent mechanical properties of the system itself. The methods dis-
cussed in this section allow differentiation between excitation-related and system-related
causes. In general, for pump system diagnostic purposes, the most effective manner for
evaluating mechanical vibration and pressure pulsation data is in the frequency domain
(i.e., an amplitude versus frequency “spectrum”), because a force occurring at a specific fre-
quency typically must be the result of some physical cause at that same frequency, for
example, imbalance at 1 X rotational speed (= running speed), and rotating impeller pul-
sation caused “vane-pass” frequency at the number of impeller vanes (also known as
blades when on a rotating member) times running speed. Sometimes, time domain data
contain more easily interpreted information, particularly when sporadic impulsive loads
are present, such as during cavitation or rub events. A particularly useful form of time
domain data is the “orbit,” in which the shaft motion versus time in two perpendicular lat-
eral directions are plotted at a given axial location along the shaft, thereby showing the
path of the centerline of the shaft during one of its revolutions.

Excitatlon Frequencies Some basic vibration concepts must be reviewed prior to
detailed discussion of excitation forces and frequencies, The rotational speed of a pump is
typically discussed in units of “revolutions per minute” or rpm. Vibration frequency data are
typically discussed in terms of “cycles per second” or Hertz (Hz). A common means of describ-
ing vibration frequency is also in terms of multiples of running speed. For example, a 2X run-
ning speed vibration for a pump operating at 3600 rpm would be at a frequency of 120 Hz
(3600 rpm X {1 min/60 s] X 2). Pump oscillating excitation forces are characterized not just
by their level, but also by the frequencies at which they impart energy to the system, as will
be described for the various typical pump excitations in the following paragraphs.

1. Rotating imbalance Approximately 40% of all vibration problems in rotating
machinery are caused by rotating imbalance, in the authors’ experience as well as in
studies in various applications.’ If the rotating components of the pump system are
not properly balanced, and operate such that the center of gravity of the shaft or
attached components is offset from the axis of rotation, the rotor will experience radial
forces at the frequency of the pump operating speed N. This type of excitation would,
therefore, be categorized as a 1X N vibration source. The greater the imbalanced mass
(m) and associated offset (¢} from the rotational axis, the greater the 1X vibration
excitation force. Theoretically, the magnitude of the sinusoidal imbalance excitation
force would be: F = me(2nf ) where f is the rotational frequency expressed in Hz, The
rotating imbalance force will cause an orbiting motion of the shaft, and as the shaft
comes into close proximity with its bearings will cause a portion of the imbalance force
to be transmitted from the shaft, through the bearings, to the stationary structure
where it can be readily measured as a lateral vibration. Some degree of imbalance
will always be present. Methods for balancing the rotor system to remove this
excitation source are discussed later in this section.
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FIGURE 1 Typical orbit and vibration spectrum for a pump with an imbalanced rotor (Mechanical Solutions, Inc.)

Signal processing the vibration data into the frequency domain would reveal a
sharp spike at 1x running speed, proportional to the degree of imbalance, while con-
sidering it as an orbit in the time domain would result in a large ellipse, more ellipti-
cal than circular in shape if the bearing load is significant or if the bearing stiffness is
different in the vertical versus horizontal direction, as is often the case. (See Figure 1.)

2, Misalignment In the authors’ experience as well as in the same studies discussed
with regard to balance issues (e.g., Makay'), approximately 40% of all vibration prob-
lems in rotating machinery are caused by shaft misalignment. Misalignment may be
caused by improper installation or extreme differential thermal expansions or
pressure-related nozzle loads. The two main types of misalignment are angular and
offset. The offset component is the amount that the two centerlines (of the driver and
pump) are “offset” from each other (i.e., the distance between the centerlines when
extended to be adjacent to each other). The angular component is the differential
crossing angle that the two shaft centerlines make when projected into each other,
when viewed from first the top, and then in a separate evaluation from the side. In
general, misalignment is a combination of both offset and angular misalignment, The
vibration data of a misaligned pump system are typically characterized by high 2x
lateral vibration. Sometimes the misalignment load can cause higher harmonics
(i.e., rotor speed integer multiples, especially 3x), and may even decrease vibration,
because it loads the rotor highly eccentrically against its bearing shell, distorting the
otherwise perfect 1X sine wave that theoretically is caused by residual imbalance.
Alternatively, misalignment may actually cause increased 1X vibration, by lifting the
rotor out of its gravity-loaded “bearing pocket,” to result in the bearing running relatively
unloaded (this can also cause shaft instability, as discussed later). Shown in Figure 2 is
a typical orbit and excitation FFT spectrum for misalignment, in which 2X running
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FIGURE 2 Excitation orbit and frequency spectrum for misalignment condition (Mechanical Solutions, Inc.)

speed is the dominant effect. This is often accompanied by relatively large axial motion,
also at 2X, because the coupling experiences a nonlinear “crimp” twice per revolution,

3. Looseness, rubs A common cause of pump system vibration is looseness in bearing
supports or components attached to the shaft. The main symptoms of such a vibration
are a number of harmonics at multiples of running speed, a pulsating orbit and poten-
tially a substantial percentage of vibration at exact whole fractions of running speed,
such as %, 1, and so on. Rubs at a bearing, seal or other running clearance have similar
symptoms,

4. Rolling element bearings Rolling element, or “antifriction,” bearings have certain
defect frequencies that indicate bearing imperfections. These frequencies are associ-
ated with the rate at which flaws in the bearing parts (the inner race, the outer race,
the cage, and the rolling element such as ball or needle) interact with each other. Key
bearing parameters include the pitch diameter D, which is the average of the inner and
outer race diameters at the ball interface, the shaft rotational speed N, and the ball-to-
race contact angle 8 measured versus a plane running perpendicular to the shaft axis.
The predominant defect frequencies are shown in Figure 3. Note that no bearing is per-
fect, and these frequencies are always present, to at least a minute degree, even in a
healthy bearing, although the defect frequencies may be masked by other phenomena
or by the measurement resolution of the probe or signal analyzer used.

Rolling Element Bearing Parameters

= Rolling Element Bearing Frequencies
LY. f
- II-.-
v it ETF =%—(]_ ¥) Fundamental Train Frequency
S i 0
y - $ N 2 .
o < F~ Bl or Rote BSF =B§*T( 1-y’) Ball Spin Frequency
ol Dilametar O,
Shaf @
\i Rada By e BPFO = N,» —l;l— (1+y) Ball Pass Frequency Outer Race
: I_‘ : ...:n E" e
‘.-l I (W suary abas d N
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FIGURE 3 Rolling element bearing excitation frequencies (Mechanical Sclutions, Ine.)
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FIGURE 4 Gear box excitation frequencies (Mechanical Solutions, Inc.)

5. Gear boxes The primary excitation frequency caused by a gear box is the number of
gear teeth times the running speed. In the case of a gear box problem, often highly
increased vibration at multiples of the gear mesh frequency as well as +/— 1 X N side-
bands (i.e., modulation) of the gear box harmonics may accompany severe vibration at
the gear mesh frequency. A summary of nonmodulated excitation frequencies in gear
boxes are shown in Figure 4.

6. Fluid forces

i. Cavitation. The phenomenon of cavitation occurs when vapor bubbles form, typi-
cally as a result of either insufficient suction pressure (“Net Positive Suction Head
Available”, NPSH,) or a poor flow pattern at the suction, followed by movement of
these bubbles into an area of higher pressure, such that they collapse with great
force potentially against impeller or casing surfaces. The collapsing of the bubbles
does not occur at a specific frequency, but rather, involves an impulsive load that
acts as a broadband excitation to excite a very broad range of frequencies, exciting
impeller and casing natural frequencies even into the ultrasonic range. Evidence of
cavitation and its strength is therefore typically not evident as a spike on a fre-
quency spectrum (instead it slightly raises the spectrum fairly evenly over a very
broad range), but is clearly discernable as powerful random pulses in a pressure or
vibration versus time high resolution plot. An example of cavitation pulses in the
time domain as evidenced in such plots is given in Figure 5, for a double suction sin-
gle stage pump in low suction pressure water service.

ii. Fluid whirl. Shaft part-speed (i.e., below running speed, or “subsynchronous”)
whirl is a forced response at a frequency typically below the first noncritically
damped shaft bending natural frequency. It is driven by a moving static pressure
field which rotates at some speed below running speed. This fluid rotational speed
becomes the whirl speed. The most common cause of whirl is fluid rotation around
the impeller front or back shrouds, or in the journal bearing, wear ring, or balance
drum clearances. Such fluid rotation is typiecally about 45% of running speed,
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pulse transmission to the walls, as detected by a high frequency accelerometer. (Mechanical Solutions, Inc.)

because the fluid is stationary at the stator wall, and rotating at the rotor velocity
at the rotor surface. Thus the bulk of the fluid in the running clearance rotates at
roughly half speed.

If this whirl frequency increases to become coincident with a poorly damped nat-
ural frequency of the rotor/bearing system, the whirl can transform into a more
dangerous motion called “whip.” Once shaft whip starts, self-excitation occurs at
the natural frequency of the shaft which is coincident with the whirl, such that the
vibration response frequency “locks on” to the natural frequency, so that as speed
is increased further, the whirling frequency no longer increases in proportion, but
remains the same as the shaft natural frequency. During whip, the normally pri-
marily 1X running speed frequency spectrum and roughly circular shaft orbit
show a strong pulsing peak at about 45% of the running speed at which whip ini-
tiated. In the orbit, whip shows up as a slowly rotating loop reflecting orbit pulsa-
tion every other revolution. In rotating machinery, whip is the most common form
of “rotordynamic instability,” in which dangerously high vibrations occur in spite of
how well the machine is balanced, aligned, or otherwise designed. Fortunately,
whip is far more common in compressors and turbines than in centrifugal pumps,
although it can only be ruled out by either experience with the pump and system
in question, or by careful rotordynamic analysis and/or testing.

iii. Vane pass. Each time a pump impeller vane (or blade) moves past the volute “cut-
water” or diffuser vane, a pressure pulse is imparted to it. The vane pass excitation
frequency is therefore at the running speed times the number of impeller vanes, as
indicated in Figure 6. This load condition can have a severe effect if any stationary
structure or combined rotor and stationary structure natural frequencies happen
to coincide with the vane pass frequency.
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FIGURE 6 Excitation orbit and frequency spectrum for excessive vane pass pulsation (Mechanical Solutions, Inc.)

iv. Internal suction or discharge recirculation. If a pump is operated too far away from
its best efficiency point (BEP), the angle of attack of incoming flow on the rotating
impeller vane is different from that of the optimal design. Vane stalling can occur
.at either the suction or discharge, leading to portions of the flow reversing direction.
The reversing flow is termed internal recirculation (see Section 2.1.1), and can lead
to strong vortices, which can develop very low pressure at their tips while they are
in the flow passage, causing cavitation, and/or which buffet the pump as they rotate
past the impeller vanes. This tends to cause amplitude modulation of the running
speed and vane pass frequencies, with a broadband frequency range associated
with the statistical average of the vortex rotating speeds (the vortex axes typically
slip substantially relative to running speed).

v. Rotating stall. Sometimes at the off-BEP flows associated with the internal recir-
culation condition, and due to the same principle of poor angle-of-attack on the
impeller or diffuser vanes, rotating stall may occur, in which a recirculating stall
cell (which is generally a recirculation vortex) will propagate circumferentially.
This stall cell rotation in an impeller is opposite to the spin of the impeller, by 5 to
35% of rotating speed, resulting in stall cell rotation relative to ground of 0.65X to
0.95x N.If the stall cell occurs in the diffuser, it rotates in the same direction as the
impeller spin, at a frequency of about 0.05 to 0.35x. Although the rotating stall
results in a “subsynchronous frequency” (i.e., below running speed), which few phe-
nomena possess other than rotordynamic instability, they are not instabilities but
rather forced vibrations, controllable by keeping their rotation frequency at least
10% away from any rotor or structural natural frequency. Typical orbits and spec-
tra for these various types of subsynchronous vibration are shown in Figure 7, and
are compared to orbits and spectra for rub or rotordynamic instability.

Natural Frequencies and Mode Shapes The inherent mechanical properties of a sys-
tem important to its vibrational response include its stiffness, mass, and energy absorp-
tion as reflected in the natural frequencies, mode shapes and damping of the rotor and
stationary structural system. If a cyclic load is applied to a structure, the response of that
structure is dependent on the frequency at which it is excited. At specific frequencies,
termed the natural frequencies, the response is dramatically increased, a phenomenon
termed resonance. When designing and installing pumps and their systems it is impor-
tant to ensure that the natural frequencies of the system do not coincide with anticipated
excitation frequencies, such as those described above. If an appropriate separation margin
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does not exist, excessive vibration can result, even for relatively low energy excitations. A
resonance near running speed can result in a pump being chronically “balance sensitive”
or “alignment sensitive.”

Each natural frequency has a deflection shape, or mode shape, associated with it. This
is the shape that the structure takes on during vibration at that frequency, The mode
shape also plays a role in the vibration response level. If the applied excitation forces occur
at points in the structure which exhibit much movement, then a greater response is
expected. Analytical methods for determining system natural frequencies and mode
shapes are discussed later in this section.

Natural frequencies of rotating systems are termed critical speeds if their amplifica-
tion factor is high enough (over 2.5, per API-610%). When a rotor’s revolution is at a criti-
cal speed, the 1X excitation that is always present to some degree will excite the
corresponding natural frequency and can cause severe vibration even for normally accept-
able levels of imbalance. The natural frequencies and mode shapes can be calculated using
the principles of rotordynamics, which are discussed later in this section. Note that the
natural frequencies of the rotating system will have dependence on the running speed. For
example, at higher speeds, gyroscopic effects become significant and can stiffen lateral
modes. Additionally, hydrodynamic effects caused by fluid passing through annular spaces
around the shaft also vary with running speed and affect the natural frequencies through
the Lomakin effect.® Rotor critical speeds should be determined in the design stage of a
pump system so that such conditions can be avoided.

As an example, consider the lateral vibration of an impeller-between-bearings multi-
stage pump rotor system. One such typical rotor exhibited the natural frequencies and
mode shapes shown in Figure 8.

Resonance, Damping, and Phase Angle When cyclic forces are applied to a system
at a frequency equal to its natural frequency a resonant vibration occurs. Damping pro-
vides energy absorption and reduces the response. In a centrifugal pump, damping is pro-
vided from several sources such as viscous effects of hydrodynamic bearings, hydrostatic
effects at annular seals, and structural damping inherent in the materials of construc-
tion. Figure 9 depicts the effects of damping on the frequency response function of a
system.
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FIGURE 8 Typical mode shapes for a multistage centrifugal pump (Mechanical Solutions, Inc,)

In resonance, the vibration energy from the last peak of the force has come full cycle,
and is reinforced when the next peak takes place. The vibration in the next cycle will then
include movement due to both peaks, and will be higher than it would be for a single
application of the force. The vibration motion keeps being amplified in this way until its
large motion uses up more energy than the amount of energy that is being supplied by
each additional peak. Unfortunately, the motion at that point is generally quite large, and
damaging. To avoid resonance, the natural frequencies of the pump rotor and structure
must be well separated from the frequencies at which such repetitive “dribbling” type
forces will occur, which tend to be 1X running speed (typical of imbalance), 2X running
speed (typical of misalignment), or at the number of impeller vanes time running speed
(s0-called “vane pass”).

In pumps, the vibration amplification (often termed “@” as shown in Figure 9) due to
resonance is usually between a factor of 2 and 25 times what it would be if the force caus-
ing the vibration were steady instead of oscillating. ¢ depends on the amount of energy
absorption, called “damping,” which takes place due to oscillation. In an automobile sus-
pension, this damping is provided by the shock absorbers. In a pump, it is provided pri-
marily by the bearings and the liquid flowing axially between the rotor and stator in the
“annular seals,” like the balance piston.

Another important concept in vibration is the “phase angle,” which measures the time
lag between the application of a force and the vibrating motion which occurs in response
to it. A phase angle of zero degrees means that the force and the vibration due to it act in
the same direction, moving in step with one another. This occurs at very low frequencies,
well below the natural frequency. An example of this is a force being slowly applied to a
spring. Alternately, a phase angle of 180 degrees means that the force and the vibration
due to it act in exactly opposite directions, so that they are perfectly out of step with each
other. This occurs at very high frequencies, well above the natural frequency. At the point
of resonance (frequency = natural frequency), phase angle is theoretically 90 degrees.
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FIGURE 9 Vibration resonance spectrum, displacement x versus frequency f (Mechanical Solutions, Inc.)

Phase angle ¢ is important because it can be used together with peaks in vibration fre-
quency field data to positively identify natural frequencies as opposed to excessive excita-
tion forces. Such identification is useful in order to determine what steps should be taken
to solve a vibration problem. The role of phase angle is also important in recognizing and
solving rotordynamic instability problems, which typically require different solutions than
resonance or excessive oscillating force problems.

These concepts can be described mathematically for simplified vibration systems. For
example, consider the mechanical system displayed in Figure 10. The system is comprised
of mass m, stiffness %k, damping ¢, and is operated on by a sinusoidal force F as a function
of time ¢: F(t) = F sin(wt). The dynamic displacement response of such a system would be
x(t)=Xsin(wd+d).

For this so-called single degree of freedom (DOF) system, the natural frequency is o, =
(k/m)% rad/sec, which can be divided by 27 to be put in terms of cycles per second (Hz),
and can be further multiplied by 60 to be put in terms of £, with units of cycles per
minute, the same units as pump rpm. Note that k is the effective stiffness of the system,
and m is the effective mass of the system, which in USCS units must be divided by the
gravitational constant g, to get consistent units. (See the definition of g, in the nomen-
clature of Section 2.1.1.)

For a static loading force equal to F,, the static displacement S of the mass is equal to
F,/k as shown in Figure 8. For a cyclic force, the amplitude of vibration of the mass, desig-
nated by X, is equal to F/((k-mw?)® + (cw)®)* , where w; is the forcing frequency in
rad/sec, and c¢ is the damping constant. The maximum amplitude of vibration P occurs
when the forcing function frequency w,is near the natural frequency. It can be shown that
for small values of damping, the magnification factor P/S = 1/(2{), where the damping factor
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FIGURE 10 Single degree of freedom system (Mechanical Solutions, Inc.)

{ is defined as the ratio of the damping ¢ to the critical level of damping ¢,.. A critically
damped system will not oscillate if perturbed momentarily from an at rest position. The
critical damping level in terms of pump mechanical properties is ¢ = 2(km)®®. Typical
pumps have damping significantly less than critical (typically { = 0.02 to 0.1).

Often mechanical aspects of a pump system can be reasonably simplified into a single
DOF system such as the one described, and approximate natural frequencies and response
levels can be estimated. For example, the behavior of the motor of a typical vertical turbine
pump resting upon the discharge head of the pump may be very similar to a single DOF
system in its first “above ground” dominated bending mode. Similarly, the effective mass
and stiffness the rotor of an overhung impeller pump may be estimated to allow for a crit-
ical speed prediction. Even mechanical systems that are significantly more complicated
than single degree of freedom systems can have their vibratory behavior described as a
combination of natural frequencies, each with an effective mass (perhaps distributed in
several locations), stiffness, and damping.

THE ROLE OF VARIOUS PUMP COMPONENTS

Impeller Effects on Vibration Impellers are typically the heaviest components and
have the largest mass moments of inertia in the pump rotor system. The transverse
moment of inertia of an impeller is sometimes neglected in lateral analyses, and this can
result in significant errors, particularly for overhung impeller or multistage pumps, or in
high-speed applications. With the advent of modern solid modeling software, not only
weight, but also the polar and transverse moments of inertia, can be accurately deter-
mined from solids models of impellers.

Shafts: Lateral, Torsional, and Axial Stiffness and Motion In general, the lateral
gtiffness of shafts is directly proportional to the fourth power of the diameter and inversely
proportional to the cube of the length. Typically the lengths that govern the lateral stiff-
ness or flexibility of the shafts are the spans between bearings rather than the entire shaft
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length. In the case of overhung pumps, the distance between the impeller(s) and the clos-
est bearing can be more important than the distance between bearings. The torsional stiff-
ness of shafts is directly proportional to the fourth power of the diameter and inversely
proportional to the length of the shaft. The axial stiffness of the shaft is directly proportional
to the square of the diameter and inversely proportional to the length of the shaft. Both the
lateral stiffness and the axial stiffness of shafts are directly proportional to the modulus of
elasticity, E, of the material, whereas the torsional stiffness is directly proportional to the
modulus of rigidity, G. The selection of bearing span and shaft diameter will dictate the over-
all stiffness of the shaft and whether the pump will run above or below its first critical speed.

Bearings The purpose of bearings is to provide the primary support to position the rotor
and maintain concentricity of the running clearances within reasonable limits. There are
several types of pump bearings. The most common type is the plain journal bearing, in
which a smooth, ground shaft surface rotates within a smooth surfaced circular cylinder.
In this bearing, the load “bearing” effect is provided by a hydrodynamic wedge which builds
between the rotating and stationary parts as rotating fluid flows through the narrow part
of the eccentric gap between the shaft journal and the cylindrical bearing insert. The eccen-
tricity of the shaft within the journal is caused by the net radial load on the rotor forcing
it to displace within the fluid gap. The hydrodynamic wedge provides a reaction force which
gets larger as the eccentricity of the shaft journal increases, similar to the buildup of force
in a spring as it is compressed. The plain journal bearing has moderately high stiffness,
and is relatively inexpensive, with good damping properties, but has high cross-coupled
stiffness. The concept of how cross-coupled stiffness is created in a journal bearing or annu-
lar sealing cavity is shown in Figure 11. Cross-coupled stiffness can negate the damping,
leading to rotordynamic instability. Putting axial grooves in the journal bearing signifi-
cantly diminishes the cross-coupling. Other types of pump bearings include the rolling ele-
ment (“antifriction”) bearing (inexpensive and stiff, but with little damping), the tilting pad
bearing (moderate stiffness and damping, low cross-coupling, but expensive), the magnetic
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FIGURE 11 The concept of cross-coupled stiffness (Mechanical Solutions, Inc.)
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bearing (low stiffness and expensive, but zero cross-coupling), and the hydrostatic bearing
(high stiffness and damping, low cross-coupling, but expensive to install and operate).

Annular Seals and the Lomakin Effect One of the most common types of flow-path
seals is the annular seal, with either smooth cylindrical surfaces (plain seals), stepped
cylindrical surfaces of several different adjacent diameters {stepped seals), or multiple
grooves or channels perpendicular to the direction of flow (serrated, grooved, or labyrinth
seals). These areas include the impeller front wear ring, the rear wear ring or diffuser
interstage bush rings, and the thrust balancing device leak-off annuli.

Annular seals can dramatically affect pump rotor dynamics, especially multistage
pump rotor dynamics, in two ways :

1. By changing the rotor support stiffness and therefore the rotor natural frequencies,
thereby either avoiding or inducing possible resonance between strong forcing
frequencies at one and two times the running speed and one of the lower natural
frequencies.

2. By increasing the rotor support cross-coupled stiffness or, as the seals wear, decreasing
the rotor damping, allowing greater magnification factors during resonance, and in the
extreme allowing destabilizing forces on the rotor to dominate those associated with
stabilizing energy absorption.

These effects are particularly strong in multistage pumps, because multistage rotors
are relatively long and flexible. Since the annular seals are primarily in the central por-
tion of the rotor, where they exercise considerable leverage on the first bending mode of the
rotor, the contribution of seal stiffness to the rotor support can be comparable to the rotor
stiffness itself.

The stiffness and damping of an annular seal is provided in small part by the squeeze-
film and hydrodynamic wedge effects well known to journal bearing designers. However,
because of the high ratio of axial to circumferential flow rates in annular liquid seals rel-
ative to bearings, large forces can develop in the annular clearance space due to the cir-
cumferentially varying Bernoulli pressure drop induced as rotor eccentricity develops, as
shown in Figure 12. This is known as the Lomakin effect and is the largest stiffness and
damping force-generating mechanism within pump annular seals.® The primary action of
the Lomakin effect is beneficial, through increased system direct stiffness and damping
which tend to increase the rotor natural frequency and decrease the rotor vibration
response at that natural frequency.

The Lomakin effect depends directly on the pressure drop across the seal, which for
constant system flow resistance results in a variation of the Lomakin support stiffness
with roughly the square of the running speed. However, in cases of high static head com-
pared to head rise at BEP, there is only a small variation of the Lomakin effect with pump
speed. The other important parameters are a diminishing increase in stiffness with
increasing annular sealing cavity length, stiffness increase in proportion to diameter, and
stiffness decrease in inverse proportion to clearance. Fluid properties are of secondary
importance unless very high viscosity liquids are involved.

The Lomakin effect can be calculated with reasonable accuracy through use of bulk
flow computer programs. An approximate method for predicting Lomakin effect stiffness
is though the following equation, applicable to short L/D sealing gaps in liquid water of
any temperature:

K = R*AP*R*L/Cy

Where K| = Lomakin Stiffness in 1bf/in USCS or kIN/mm in SI units
k is a unitless constant equal to about 0.4 _
AP is pressure drop in psi in USCS or MN/m? in SI units
R is radius in inches in USCS and mm in ST units
L is length in inches in USCS and mm in ST units

Cy is average radial clearance in inches in USCS and mm in S] unitsg
LIBERTY EXHIBIT 1017, Page 228



2.204 CHAPTER TWO

I\.)

; %

Pstatic= F stagnation™ 282 .

STATIC PRESSURE
DISTRIBUTION

A, 7

‘:“"'—-- y -
SHAFT — LAl = /(¢
SHf o %_l ) )
seaL (Z = = \]1‘
t 3 Vi - L}lbmnFEMEm
_ )
¥ I
NET RESTORING
FORCE
CRITICAL FACTORS: Fi
o CLEARANCE K= AFL
. < AD
oAl

# GROOVING
FIGURE 12 The concept of Lomakin effect stiffness K| (Mechanical Solutions, Inc.)

The physical reason for the strong loss of the Lomakin effect with increased clearance is
that increased clearance or circumferential grooving gives the opportunity for equalization
of circumferential pressure distribution, which is behind the Lomakin effect. It is important
that modern rotors be designed with sufficiently stiff shafts so that any natural frequency
that starts above running speed with new clearances remains above running speed with
clearances worn to the point that they must be replaced from a performance standpoint.

Mechanical Seals and Packing Mechanical seals do not affect vibration, or specifically
pump rotordynamics, significantly. They do not add excitation forces, and unlike most
wear rings provide negligible support stiffness and damping. Packing likewise usually has
negligible stiffness, but can add considerable damping. When pump designs get changed
from packing to mechanical seals, often rotor critical speed problems begin to surface that
went unnoticed previously.

Sieeve Effects on Vibration Sleeve effects on vibration depend on the fit-up of sleeves
to the shaft and the type of analysis being performed. For a lateral analysis, if the sleeves
are press fit to the shaft with tight class of fit, then the added stiffness of the entire length
of the sleeve should be included, in the authors’ experience; (although, API-684 suggests
taking no credit for sleeve stiffness in any circumstance.*) If the sleeve is lightly pressed
or loose fit to the shaft then no added stiffness is included in the model, but the mass and
transverse moment of inertia is to be included at the center of gravity of the sleeve. In a
torsional analysis if the sleeve is press fit to the shaft, then it is treated in the same man-
ner as in the lateral analysis, but if the sleeve is loose fit and keyed to the shaft, § the
diameter of the shaft where the sleeve is located is subtracted from each side of the sleeve
and what is left is used as added stiffness to the shaft. When modeling coupling hubs, if
the hub is press fit to the shaft then the entire length of the hub is included as added stiff-
ness. If the hub is keyed on with a loose fit, then a § penetration of the shaft into the hub
is used to limit added stiffness. In both cases, the full mass and moment of inertia are to
be included in the analysis.
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Horlzontal Pump Casings and Bearing Housings Horizontal pump casings are rel-
atively massive compared to steam turbines and compressors, and historically have not
played a strong role in pump rotordynamics, other than to act as a rigid reaction point for
the bearings and annular seals. However, pressure on designers to save on material costs
occasionally results in excessive flexibility in the bearing housings, which are cantilevered
from the casing. The approximate stiffness of a bearing housing can be calculated from
beam formulas given in Roark, such as 3EI/L?, where L is the cantilevered length of the
bearing center from the casing end wall, E is the modulus of elasticity, and I can be deter-
mined from the cross section of the bearing housing. The bearing housing stiffness must
be combined as a series spring with the bearing film stiffness to determine a total direct
“bearing” stiffness for use in rotordynamics calculations. The following series spring for-
mula may be used:

1k = 1/k + 1/k
total housing bearing

If resources are available, an accurate determination of the bearing stiffness can be
obtained through 3D finite element analysis of the bearing housing. A unit load can be
applied to the bearing at the location of the internal journal or ball bearing race, and the
applied load divided by the deflection at the load provides the stiffness of the bearing
housing.

Vertical Turbine Pumps A vertical turbine pump (VIP) can be described as a vertically
mounted pump where the impeller is located in a cylindrical casing mounted in-line to an
attached vertical column pipe. The impeller takes fluid directly from the well through a
suction bell and bowl assembly, and discharges coaxially into a multivane diffuser and
then into the attached column pipe. The column pipe in turn is attached to a discharge
head which in turn mounts the pump driver. The discharge head and pump casing may
be separated by as little as a few inches (order of 100 mm) or as much as a few thousand
feet (order of 1000 m). The pump impeller and driver are connected through intermedi-
ate “lineshafting” running down the center of the column pipe and supported by lineshaft
bearings spaced according to shaft diameter. If the pumped fluid is corrosive, abrasive, or
contains hard particulate, the bearings and intermediate shafting may be enclosed within
a pipe (“shaft tube”) run concentrically with the column pipe to protect them from dam-
age, In such a case, this enclosing tube is tensioned between the discharge head and the
pump casing,

VTPs generally have much more flexible motor and pump casings than comparable
horizontal pumps, and more flexible attachment of these casings to the foundation. Due to
the flexibility of the discharge heads used to support motors, many structural natural fre-
quencies of vertical pumps tend to fall very close to the 1X running speed of the pumps,
and can cause very high vibrations to occur. In addition, the foundation that the pump is
mounted on can play a significant role. Finally, the below-ground column piping and pump
casing or “bowl assembly” as well as the water added-mass effect need to be assessed to
determine if the below-ground components will have a vibration issue, or will combine
with the above-ground components and foundation (and possibly piping) to cause a
system-related problem. To adequately include discharge head, baseplate, piping, column/
bowl assembly, and foundation effects in such pumps, a finite element analysis (FEA)
model is required.

If a manual model of a VTP is attempted, the baseplate and foundation may be mod-
eled as torsional springs in series. The spring constants can be based on force versus
deflection formulas provided for plates with central moments (see Timoshenko) and for
separate “half space” foundations.? These hand calculations may produce large errors and
should be verified using detailed finite element analysis or field “bump” test resuits.

The natural frequencies of concern in a VIP are the first several structural bending
natural frequencies of the entire assembly, and the enclosing tube if one is used. Lineshaft
natural frequencies are occasionally a problem, but generally present a “moving target” to
excitations, in terms of their frequency value, because the lineshaft bearings provide very
inconsistent support, and so the shaft natural frequencies shift from instant to instant like a
guitar string as finger pressure is placed in different locations. The main source of excitation
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for both the structure and the rotor occurs at 1X running speed due to imbalance or shaft
bow, and to a lesser extent misalignment. In particular, driver coupling misalignment can
influence discharge head vibration at both 1X and 2X running speed. Vane pass excitation
is normally not of concern since most VIP casings are designed with multivane diffusers
as well as greater impeller vane/diffuser vane spacing, and this minimizes the effect of
vane pass frequency in exciting natural frequencies.

The nominal lineshaft (or “intermediate shaft”) bearings are normally spaced to place
the first lineshaft natural frequencies above running speed, as per recommendations in
API-610.? These nominal natural frequencies can be estimated if the shaft diameter and
bearing spacing is known by using continuous beam equations, where the bearings act as
simple supports. Axial loads on the shaft tend to straighten the shaft and raise the natural
frequencies above that calculated particularly if the load is high or the shaft bearing spac-
ing is long. In this case the axial stiffening of the shaft must be taken into account using
equations developed to account for axial loading.® The pump shaft bearings are typically
spaced close together such that the pump shaft natural frequencies are well above 2X run-
ning speed.

Water both internal and external to the pipe must be taken into account (e.g., the meth-
ods of Blevins’) or the calculations will be substantially in error. Column pipes are nor-
mally set so that a portion is above the water level and a portion below. The column pipe
natural frequency calculation should account for the transition from water added mass
being internal only to being both internal and external. Similar to the shafting, the enclos-
ing tube natural frequency calculation needs to be adjusted due to axial stiffening of the
tube if it is tensioned between the discharge head and the pump casing.

Natural frequencies for VTP discharge heads should be placed to avoid excitation by
running speed and to a lesser extent 2X running speed. Prior to the introduction of finite
element analysis many manual calculation and simple spreadsheet methods were used
to calculate the discharge head natural frequencies, for example using beam equations
from Roark,? or plate/shell calculations such as Timoshenko.® These methods proved to
be approximate and still may be suitable for low horsepower (less than 200 bhp or 150 kW)
constant speed applications where a single running speed is to be avoided and calcula-
tion error can be absorbed. The horsepower limit is given to acknowledge that as the
power goes up the overall stiffness of the structure may not increase as quickly as the
imbalance force. Running at a natural frequency may produce acceptable vibration in a
10-bhp (7.5-kW) unit but most certainly will produce high vibration in a 100-bhp (75-kW)
or more unit. Additionally, shifting the natural frequency of a 10-bhp (7.5-kW) unit to a
more suitable location in the field is more easily accomplished if excessive vibrations are
encountered. Qutside these limits FEA has proven to be a highly accurate (within 5 to
10%) method when employed by personnel familiar with the characteristics of both
VTPs and FEA.

Vertical Sewage Pumps Vertically mounted sewage pumps, while typically much more
stiff than vertical turbine pumps, are also susceptible to natural frequencies that fall
within the operating range of the pump. Like VTPs, vertical sewage pumps have a large
potential for exciting a structural natural frequency at 1X or 2X running speed, or vane
pass frequency. In addition these units are tall, which in itself makes them susceptible to
higher vibration levels since the point of rotation for the unit center of gravity is about
the base and allows a small force to create a larger moment. In general a structural lat-
eral natural frequency analysis of the motor/pump assembly should be performed on all
new designs and on all variable speed units larger than 100 bhp (75 kW). Up-front analy-
sis work on units less than 100 bhp (75 kW) may be more expensive than field fixes and
therefore may not make economic sense for all applications.

If the motor is directly mounted to the volute casing, there is much higher likelihood that
a cantilever bending mode of the motor could coincide with the 1X running speed of the
pump. If the pump is driven by a long drive shaft with the motor well above the pump, there
is less chance of a bending mode of the cantilevered motor, but the drive shaft natural fre-
quencies need to be evaluated. In addition, the bearing towers used to support bearings on
sewage pumps are often mistakenly considered as rigid, when in reality they contribute
quite a bit of flexibility to the rotor system, and c¢an lead to combined rotor/structural modes.
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Typical nonclog pumps are a single-volute design utilizing an overhung impeller with
1 to 5 vanes, operating at synchronous speeds between 300 and 1800 rpm. Historically, in
all but the largest stations, nonclog pumps have been operated start/stop at full and load
speed as incoming flow demanded. However, recent trends in station design have shown
an increased use of variable speed drives to match incoming and outgoing flows. Variable
speed operation is now the norm in all but the smallest stations. With the advent of vari-
able frequency drives (VFDs), in addition to the great operating cost savings provided by
eliminating the need to throttle the pump discharge, the possibilities of exciting rotor and
structural natural frequencies have increased dramatically, and the need to analyze these
pumps has grown along with it.

The three key excitation frequencies of 1X, 2X, and vane pass appear in the vibration
spectra even for properly designed nonclog pumps. 1 X occurs due to residual imbalance and
coupling misalignment produces both 1X and 2X. In 1- to 3-vane impellers, vane pass occurs
as a strong excitation, greater than the imbalance force due to the low number of vanes used.
In addition, the impellers are designed to pass solids and therefore have wide discharge pas-
sages, susceptible to excitation by pressure pulsations. Additionally the majority, by a large
margin, of nonclog pumps are a single-volute casing design which produces an unbalanced
impeller radial load; (see the work of Agostinelli et al in Section 2.1.3.%) Combining the vane
pass frequency with 1X and 2 excitation produces a range of excitation sources which are
difficult to avoid, and the possibility of exciting a natural frequency is very high if the unit
has variable speed.

Most nonclog pump shafts use an overhung impeller design with bearings specified for
a life in excess of 50,000 L-10 h and a shaft deflection at the stuffing box held to less than
0.002 in. The long bearing life and maximum shaft size (beyond that necessary for strength,
in order to minimize shaft deflection) make it unusual to find a nonclog pump shaft that
runs with a first mode lateral natural frequency below the operating rpm. At least 20%
margin is recommended.

The operating rpm/power and impeller solid size capabilities combine to produce rela-
tively large polar inertia for the impeller and motor rotor in nonclog pumps. It is not
uncommon to find the first torsional natural frequency within the range of 1%, 2X, or vane
pass frequency especially when the pump is operated at variable speed. Therefore, a tor-
sional natural frequency analysis should be performed for all nonclog pump applications.

In addition to the pump rotor/bearing tower housing, the motor/discharge volute
attachment stiffness, and the stiffness of the pump pedestal “milk stool” (preferably cross-
braced in a truss fashion), installation specific characteristics for the foundation and
attachment of the piping play a large role in determining the installed natural frequency,
as does the effect of entrained water,

Motor stand design heavily influences the installed structural natural frequencies and
can be used to shift them to more suitable locations. Changes in wall thickness, rib design,
opening size, and mounting plate thicknesses have all been used to shift natural frequen-
cies. In extreme cases running short struts from the foundation to the top of the motor
stand can be used to significantly raise natural frequencies.

Natural frequencies for the vertical shafting for these units should be placed to avoid
excitations by running speed and other sources by at least 20%. Excitations vary with the
coupling used and the shaft location. Universal joint couplings produce 2x and disc-pack
couplings produce an excitation at a frequency equal to half the number of disc-pack bolts
times rpm. Vane pass excitation can be transferred up the shafting and is a source of exci-
tation for at least the first section of shafting attached to pump and may influence sections
above this. It may not be possible to avoid excitation of all natural frequencies, in which
case a forced response analysis may be required to ensure that shaft stresses and bearing
loads are acceptable.

Motors A structural analysis requires the motor mass, center of gravity, and first reed
critical frequency along with the motor mounting characteristics consisting of bolt circle
diameter, number of bolts, bolt location, and OD, ID, and thickness of the motor mount-
ing plate. A rotor torsional analysis requires the motor rotor polar inertia and torsional
stiffness from rotor center of gravity to the coupling end of the shaft. A rotor lateral analy-
sis (seldom required since motors are designed with their first critical speed at least 25%
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above running speed) requires a motor shaft drawing noting diameters and lengths, bear-
ing locations, bearing types, and mass amounts and locations, and polar inertias.

The authors have tracked motor data over the years and present typical data for eval-
uating motor data validity and for use in feasibility studies. As can be seen in Figure 13,
motor data vary with frame and manufacturer, and actual motor data provided by the
original equipment manufacturer (OEM) should always be used to minimize calculation
error. The plots were developed from data for 72 motors used mostly in vertical applica-
tions. Eleven different vendors are represented with motors ranging from 15 to 6000 bhp
(11 to 4500 kW) and 390 to 1200 rpm. Two synchronous motors, five horizontal motors, and
three hollow shaft motors are represented. The remaining motors are vertical solid shaft
induction motors. The data are plotted against torque recognizing that motors are torque
producing machines and their data are best presented in this fashion.

The motor structural “reed” critical frequency data plot shows that the motors when
mounted to a rigid structure have structural natural frequencies between 80 to 550% of
running speed. The wide range in natural frequencies is mainly due to different construc-
tion techniques among vendors and the availability of different motor frame sizes. The plot
shows that the average natural frequency decreases as a percent of running speed with
increasing motor torque and corresponding motor size increase. It must be remembered
that the data supplied by the motor vendor are almost always referenced to mounting the
motor to a rigid structure. VIP discharge heads and frame mounted pumps cannot be con-
sidered “rigid” and therefore the data presented by the motor vendor should be considered
the maximum theoretical natural frequency possible for that motor. Experience has shown
that mounting the motor on top of a pump structure, whether it be a VTP or frame
mounted unit, produces a motor/pump/pedestal system natural frequency approximately
50 to 80% of the motor/rigid-structure natural frequency. Therefore, the average motor
mounted to the average pump produces an installed system natural frequency within +/-
a factor of 2 of running speed, easily excitable by 1X, 2, or vane pass frequency in VFD
applications.

Motor Rotor
Rotor Inertia vs. Full Load Torque
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FIGURE 13A Typical motor inertia characteristics (kg-m? = 1b-1t%23.73; N-m = 1b-in/8.851) (Mechanical Solutions, Inc.)
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Motor Rotor
Rotor Weight vs. Full Load Torque
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VFDs In variable speed installations it may not be possible to avoid exciting a natural
frequency within the operating range. In this case the designer must place the natural
frequency in a location (within the frequency domain) that will do the least harm recog-
nizing the accuracy limitation of the natural frequency calculation method used. For
example, assume a pump can be excited by 1X (imbalance), 2X (misalignment), and 3%
(vane pass) and the operating range is from 540 to 900 rpm; 60 to 100% speed @ 900 rpm
typical for a VFD. Further assume that the specification has called for avoiding natural
frequencies by = 25%. The following results:

Excitation Frequencies, cpm

\
Speed Nmin - \ Nmax + |2 X Nmin - ' 2 X Nmax +| 3 X Nmin— | 3 X Nmax +
Rangerpm | 25% | 25% 25% | 25% 25% 25%

o I
540 | 900 | 432 | 1125 864 | 2250 1296 3375

In this representative example, no safe haven for natural frequencies exists between
432 and 3375 cpm and the designer must choose a location to place the natural frequen-
cies where they will do the least harm. The question becomes where does least harm exist,
based on the nature of each excitation force. In this case all three excitation forces are pro-
portional to the square of the speed. A potentially dangerous excitation force at full speed
may have insufficient energy to excite excessive motion at reduced speed. Additionalily, in
this example 2X misalignment most likely will produce the least force and the unit can be
field aligned to minimize this harmonic. In this case the best location for natural frequen-
cies is in the lower 2X excitation range.

THE ROLE OF THE FLUID SYSTEM

Vibration versus Operating Point Ideally, a pump should operate close to its best effi-
ciency point (BEP). Contrary to intuition, centrifugal pumps do not undergo less nozzle
loading and vibration as they are throttled back, unless the throttling is accomplished by
variable speed operation. Operation well below the BEP at any given speed, just like oper-
ation well above that point, causes a mismatch in flow incidence angles in the impeller
vanes or in the diffuser vanes or volute tongues of the various stages. This loads up the
vanes, and may even lead to “airfoil stalling,” with associated formation of strong vortices
(miniature tornadoes) that can severely shake the entire rotor system, and can even lead
to fatigue of impeller shrouds or diffuser plates or “strong-backs.” Such internal flow recir-
culation can cause cavitation on the pressure side of vanes, as opposed to cavitation on the
nonpressure side which is caused by lack of sufficient NPSHR. The rotor impeller steady
side-loads and shaking that occurs at flows below the onset of suction or discharge recir-
culation (see Sections 2.1.1 and 2.1.3) leads to the strong possibility of rubs, and exces-
sive rotor loads that can damage bearings. Many plants buy equipment that has more
capacity than is needed, to allow for future production expansion, but in doing so may
ensure years of unreliable performance of potentially reliable machinery.

The typical effect on vibration of this practice is shown in Figure 14. Never run a pump
for extended periods at flow rates below the “minimum continuous flow” provided by the
manufacturer. Also, if this flow was specified prior to about 1985, it may be based only on
avoidance of flashing and not on recirculation onset, and should be rechecked with the
manufacturer.

A strong sign that recirculation is occurring is a “throbbing” vibration at part load, and
strong vibration peaks showing up subsynchronously (i.e., below running speed), but not
in the range of 0.4 to 0.5X running speed. The 0.4 to 0.5X range implies rotordynamic
instability problems sourced in the bearings and annular seals (wear rings or balancing
device), as discussed later.
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Vibration & Pulsation vs. Flow

Recirculation
Pulsations

Vibration

| .
0% 50% 100%
% of BEP Flow

FIGURE 14 Eifect on vibration of off-BEP cperation (Mechanical Solutions, Ine.)

When stall vortices form, they often spit out the inlet to the impeller, and can cause
“rotating stall” where the vortex formation is regular, and proceeds backward through
the impeller as it spins forward. This leads to a net forward spin at some percentage of
the rotational speed, typically 65 to 95% of rotational speed. This kind of stalling can
also happen in a pump diffuser, but in that case typically rotates forward in the diffuser,
at a rate of 5 to 35% of rotor speed. When these unexpected frequencies show up in the
vibration spectrum, recirculation and rotating stall are often the cause. If such fre-
quencies become equal to a critical speed, excessive vibrations at that frequency could
result.

Cavitation Effects on Vibration The main issue of hydraulic concern is that sufficient
suction static pressure be present to avoid cavitation. Today, it is understood that this
means more than merely having sufficient net positive suction head available (NPSHA)
to satisfy the 3% head drop NPSHR (NPSH Required) published by the manufacturer.
(See Sections 2.1.1 and 2.1.3.) At NPSHA as much as 3x the NPSHR, high frequency cav-
itation (sometimes inaudible) can cause serious erosion of the suction side of impeller
vanes or wear ring exits. Most cavitation vibration and noise energy is in the 10 to 50 kHz
range, and some energy all the way up to 120 kHz. Because cavitation excites a broad
range of frequencies at once, as do other phenomena like bearing faults or flow passage
turbulence, its presence and its damage potential are best determined with high speed
oscilloscopes rather than with FFT analyzers. When significant cavitation is taking place,
the shock wave of the bubble collapse shows up strongly (about 100 psi or more p-p) in
the signal spike from a high frequency pressure transducer directly exposed to the flow,
preferably with line-of-sight to the impeller. If the cavitation is damaging, bubble collapse
is at a vane or wall, and the spike shows up as very strong acceleration (typically greater
than 100 g’s p-p) on an accelerometer on the suction sidewall, and even (to a lesser degree)
in other metal components such as bearing housings. The effect is hard to distinguish in
the frequency spectrum, but shows up as spikes tens of microseconds long (with subse-
quent ringdowns) in an oscilloscope trace. g-levels in nondamaging cavitation situations
are at least a factor of 10 less in spike strength.
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A-Gap, B-Gap, and Overlap Dr. Elemer Makay introduced these famous concepts, rel-
evant particularly to double suction pumps and high energy pumps such as boiler feed
pumps and illustrated in Section 2.1.1. A-Gap is the radial annular width of the passage
between the impeller OD and the volute or diffuser sidewall, and “Overlap” is the width
(in the direction of leakage flow) of this close clearance area. Small A-Gaps and large over-
laps decrease the communication between discharge pulsations and the impeller side pas-
sages, limiting the sensitivity of vibration to discharge recirculation, or discharge piping
acoustic resonances. B-Gap is the radial distance from the impeller vane tip at the OD to
start of the volute tongue or diffuser vane tip. If B-Gap is smaller than 3 to 5% of the
impeller radius in diffuser pumps, or 5 to 8% of the impeller radius in volute pumps, then
vane pass pulsations are often (not always) much stronger, possibly enough to cause vibra-
tion problems or even impeller hub or shroud fatigue cracking.

Hydraulic Instabllities Caused by Flat Pump Curves and Parallel Operation If the
pump curve is flat an has a more positive slope than the system resistance curve, partic-
ularly when two or more pumps are run in parallel, the opportunity exists for the pump
to get “confused” about what flow rate the system requires for a given head. This can lead
to large, unstable flow surges. In a different but associated situation, if one of a pair of
pumps deteriorates more than its mate when run in parallel, the stronger pump will set
the head, and the weaker pump with a flat or positive head curve could be forced to run
below minimum continuous flow or even at shutoff, although overall system flow remains
high enough to satisfy the end user. This may lead to excessive vibration, and likely reli-
ability problems in the weaker pump.

Thrust Reversals—Reasons and Ramifications Thrust reversals can occur in verti-
cal pumps during start-up. If such upthrusting is greater than the weight of the motor
and pump rotor system,; uplift can occur, possibly damaging the mechanical seal or thrust
bearing components not designed for upthrust. In multistage horizontal pumps, thrust
reversal can happen if the flow rate becomes low enough so that flashing occurs, if the
pump is run partially air-bound, or if the flow rate is outside the expected flow range so
that the balance device overcompensates toward the suction.

Sources and Cures for Vane Pass Vibration Insufficient B-Gap can cause excessive
vane pass vibration, in which case B-Gap should be increased under the supervision of a
hydraulic designer. Suction or discharge recirculation can also lead to increased vane pass
vibration, but usually this is less of a practical problem than the associated cavitation
damage. Viable remedies are not to run at such low flows, to modify the impeller design
to accommodate a lower flow rate (usually at some expense in efficiency), to put inlet guide
vanes in front of the impeller to induce negative swirl, or to put “bulkhead rings” (sometimes
called “choke rings,” which resemble large washers with ID a little less than the impeller
inlet eye diameter) in front of the impeller to reduce the tendency for fluid to recirculate
or flow upstream out of the impeller and to increase flow velocity and thereby improve
incidence angle.

Piping and Acoustics

1. Check valve transients The sudden closure of a check valve can cause a “thermal-
hydraulic fluid transient,” or waterhammer (see Section 11.3). Large pressure pulsa-
tions can result, and can travel upstream through the pump, as well as through the
column piping in a VIP. The authors have witnessed 300 psi (2 MPa) pressure pulses
due to waterhammer.

2. Piping elbows and sump anomalies Sump problems can result in unexpected flow
swirl, even if air-sucking vortices are not visible. (See Chap. 13.) Sump vortices can
form starting on the floor or walls of the sump, and can have cavitation or air (which
comes out of solution in the submerged water) at the center, as illustrated in Section 13.2.
Whether or not the vapor is at the center, the swirling flow can cause bad incidence
angles at the impeller inlet, leading to unexpected suction recirculation, and resulting
cavitation noise and excessive vibration. The remedy is to change the sump configuration
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(e.g., simply adding an inlet cone or changing the suction bell setting), or to put
straightening vanes and possibly a vapor trap in the inlet piping.

3. Piping acoustics Acoustic resonances are familiar in the wind type of musical
instruments. Acoustics of pump piping systems can be complex to analyze but for the
most part can be broken down into two common situations, the quarter wave and the
half wave. Quarter waves occur when the sound wave within a section of pipe is reflec-
tive at one end and open at the other. A good example of a quarter wave is a section of
pipe coming from a sump, and attached at the other end to the suction inlet of a pump.
A half wave occurs when the sound wave is either reflective at both ends or open at
both ends, such as in a discharge header. Instances of half waves are less common
than quarter waves. To calculate the acoustic natural frequency within a pipe it is nec-
essary to know the speed of sound within the fluid, which is influenced by the wall
thickness of the piping in which the fluid is enclosed. For practical purposes the speed
of sound in water in steel piping can be estimated at about 4000 ft/sec (1200 m/s). The
first fundamental frequency of a quarter wave is calculated as the fluid speed of sound
divided by 4 times the length in feet (m) of the pipe section in question, while the half
wave is calculated similarly, but the 4 is replaced with a 2.

It is important that an acoustic natural frequency not coincide with a source of
excitation such as vane pass frequency. If this occurs, piping and headers may
shake severely; and it is then necessary to detune the resonance, changing either
the affected piping length or the impeller vane number. If neither of those is possi-
ble, in constant speed systems acoustic resonances can be diminished by installing
a side-pipe “Helmholtz resonator” on the problem pipe wherein the pressure wave
becomes strongest, and tuning its quarter wave frequency to the problem acoustic
frequency.”

4. Allowable nozzle loads Pumps are not normally designed to resist the very large
force that the piping can impose due to thermal growth or pressurized “bourdon tube”
type loading, and this load transfer can overstress the pump or baseplate. The
resulting strain can move the pump into misalignment with the motor and can also
create rubs in close running clearances. This is why pump manufacturers specify the
maximum loading that may be applied to the pump nozzles.

Expansion joints can be used to isolate the pump from the piping, but these create sep-
arate concerns since without stiff axial attachment of the piping, the pump nozzle pressure
times the nozzle area creates a longitudinal hydraulic thrust that otherwise could easily
be dissipated by the piping wall. Therefore the joint should be fastened axizlly, using an
appropriate tie rod system (including mounting plate) capable of carrying the load
imposed while not overly constraining the pump to follow any piping movement in the lat-
eral or torsional directions. The potential nozzle longitudinal thrust consists of the pres-
sure force and the fluid momentum at the joint both of which can be substantial for a large
pipe; for example, a 42-in (1067-mm) pipe transporting 30,000 gpm (6814 m%h) of water
at 10 psi (69 kPa) produces 13,854 1bf (61,626 N) due to the pressure and 901 Ibf (4008 N)
due to momentum. Lack of tie rods or insufficiently sized tie rods will allow transfer of part
or all of the load back to the pump and create at the pump flange a pressure pulsation
force at vane pass frequency. This pressure pulsation can create unacceptable vibration at
vane pass frequency in an otherwise acceptable installation.

ROTORDYNAMICS

Computer Methods Rotordynamic analysis is typically performed by a specialized com-
puter program, able to account for gyroscopics and cross-coupled forces. Qlder programs
use the more computationally efficient Transfer Matrix method, although the massive
increase in rapid and inexpensive computational capability has led to conversion to the
use of the FEA method, due to its flexibility and its ability to handle more complex mod-
els. Traditionally, even using FEA the rotor model is a “stick figure,” since greater detail
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is typically not required for sufficient accuracy. In such simplified models, the following
assumptions are made:
1. Linear bearing coefficients, which stay constant with deflection. This can result in sig-
nificant errors for large rotor orbits.

2. Linear, monolithic bearing supports.
3. Perfect impeller and sleeve fits, except as accounted for as a worst-case unbalance.

4, If flexible couplings are used, shaft coupling coefficients are negligible in the radial
deflection and shaft bending modes, with finite stiffness only in torsion.

5. It is assumed there is no feedback between vibration and resulting response forces,
except during stability analysis,

Gyroscopic Stabilization Gyroscopic forces are important, and can either effectively
stiffen or de-stiffen a rotor system. The key factor is the ratio of polar moment of inertia
“I,” the second mass moment taken about the rotor axis, to transverse moment of inertia
“L,” taken about one of the two axes perpendicular to the rotor axis, but passing through
the center of mass. This ratio is multiplied by the ratio of the running speed divided by
the orbit or “whirl” speed. The whirl speed is the rate of precession of the rotor, which can
be “forward” (in the same direction as running speed) or “retrograde” or “backward” (oppo-
site in direction to running speed). The whirl or precessional speed absolute value is gen-
erally less than the running speed. It is very difficult to excite backward whirl in
turbomachinery, so evaluation is limited to the forward whirl modes. If the product of the
inertia and speed ratio is less than 1.0, then the gyroscopic moment is de-stiffening rela-
tive to forward whirl, while if it is greater than 1.0, it tends to enhance the rotor spinning
about its center axis (i.e., the principle of a gyroscope) and thus contributes apparent stiff-
ness to the rotor system, raising its forward whirl natural frequencies.

Couplings Couplings may provide either a rigid or a pivoting ball-in-joint type con-
nection between the pump and its driver. These are known as “rigid” and “flexible” cou-
plings, respectively. Rigid couplings firmly bolt the driver and driven shafts together, so
that the only flexibility between the two is in the metal bending flexure of the coupling
shank, acting as a beam. This type of coupling is common in vertical and in small end-
suction horizontal pumps. In larger horizontal pumps, especially multistage or high-speed
pumps, flexible couplings are essential because they prevent the occurrence of strong
moments at the coupling due to angular misalignment. Common types of flexible cou-
plings include gear couplings and disc-pack couplings. Both gear and disc couplings allow
the connected shafts to kink, but allow torsional transmission similar to rigid couplings.

In performing a rotordynamics analysis of a rigidly coupled pump and driver, the
entire rotor—pump, coupling, and driver—must be analyzed together as a system. In
such a model, the coupling is just one more segment of the rotor, with a certain beam stiff-
ness and mass. In a flexibly coupled pump and driver, however, the entire rotor train usu-
ally does not need to be analyzed. Instead, the coupling mass can be divided in half, with
half added to the pump shaft model, and the other half and the driver shaft ignored in the
analysis.

Fluid “Added Mass” The fluid surrounding the rotor adds inertia to the rotor in three
ways: the fluid trapped in the impeller passages adds mass directly, the fluid displaced by
the presence of the impellers and shaft material adds its mass directly due to the rotor
system, since as the rotor vibrates within the fluid it must displace this mass, and the
fluid in close clearances must accelerate much faster than the rotor vibration acceleration
to preserve continuity, and hence potentially adds mass many times its displaced mass
(the so-called Stokes effect).

impeller Forces As an impeller moves within the surrounding diffuser or volute, reac-
tion forces are set up because of the resulting nonsymmetrical static pressure distribu-
tion around the periphery of the impeller. These forces are normally represented by
coefficients which are linear with displacement. The primary reaction forces are a nega-
tive direct stiffness, and a relatively large cross-coupling stiffness. Both of these forces
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tend to be destabilizing in situations where stability is an issue. Along with reactive forces,
there are also active forces which exist independently of the impeller motion and are not
affected substantially by it. These forces are primary “excitation forces” for the vibration.

Annular Seal Lomakin Effect Annular seals in pumps can greatly affect dynamics by
changing the rotor support stiffness and therefore the rotor natural frequencies.? The stiff-
ness and damping of an annular seal is provided in small part by the squeeze-film and
hydrodynamic wedge effects well known to journal bearing designers. However, because
of the high ratio of axial to circumferential flow rates in annular liquid seals relative to
bearings, large forces can develop in the annular clearance space due to the circumferen-
tially varying Bernoulli pressure drop induced as rotor eccentricity develops. This is
known as the Lomakin effect as discussed earlier, and is the largest stiffness and damp-
ing force generating mechanism within pump annular seals.

The primary action of the Lomakin effect is beneficial, through increased system
direct stiffness and damping which tend to increase the rotor natural frequency and
decrease the rotor vibration response at that natural frequency. However, overreliance on
the Lomakin effect can put the rotor design in the position of being too sensitive to wear
of operating clearances, resulting in unexpected rotor failures due to resonance. It is
important that modern rotors be designed with sufficiently stiff shafts so that any nat-
ural frequency which starts above running speed with new clearances remains above
running speed with clearances worn to the point that they must be replaced from a per-
formance standpoint.

Nonlinear Vibration: Parametric Resonance and Fractlonal Frequencies Certain
types of nonlinear vibration response have been found common in turbomachinery. They
generally fall into the category of parametric resonance, the details of which are beyond
the scope of this section. Typically, parametric resonances are caused by bearing support
looseness or a rub at a bearing, seal or other running clearance, allowing a contact/logs-of-
contact vibration excitation similar to dribbling of a basketball. The symptoms are a pul-
sating orbit, with a large amount of vibration at exact whole fractions of running speed,
such as }, %, and so on.

Cross-Coupling versus Damping and “Log Dec” Cross-coupled stiffness originates
from the way fluid films build up hydrodynamically in bearings and other close running
clearances, as discussed earlier. The cross-coupling force vector acts in a direction directly
opposite to the vector from fluid damping, and many think of it in terms of an effectively
negative damping. The action of cross-coupling is very important to stability, in that if the
cross-coupling force vector becomes greater than the damping vector, vibration causes
reaction forces that lead to ever more vibration, in a feedback fashion.

Subsynchronous Whirl, Whip, and Rotordynamic Stability Rotordynamic stability
refers to phenomena whereby the rotor and its system of reactive support forces are able
to become self-excited, leading to potentially catastrophic vibration levels even if the
active, stable excitation forces are quite low. The most common form of rotordynamic insta-
bility is known as shaft “whip,” which at lower speeds begins as a more benign phenom-
enon known as shaft “part-speed whirl.” Shaft part-speed whirl is a forced response at a
frequency below the first shaft bending natural frequency. It is driven by a fluid excita-
tion force, such that the static pressure field which causes the force is rotating at some
speed below running speed. The fluid rotational speed becomes the whirl speed. The most
common cause of whirl is fluid rotation around the impeller front or back shrouds, in the
wear rings, or in journal bearing clearances. Such fluid rotation is typically about 45% of
running speed, because the fluid is stationary at the stator wall, and rotating at the rotor
velocity at the rotor surface, such that the bulk of the fluid rotates at roughly half speed
in the running clearance. The pressure distribution which drives this whirl is generally
skewed such that the cross-coupled component is potentially strong and positive in sign,
able to “pump” energy into the rotor whirling motion. If somehow clearance is decreased
on one side of the gap, due to eccentricity for example, the resulting crogs-coupled force
increases further.
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The cross-coupled force acts perpendicular to any clearance closure. In other words, the
cross-coupling force acts in the direction that the whirling shaft minimum clearance will
be in another 90 degrees of rotation. If the roughly half speed frequency at which the cross-
coupled force and minimum clearance are whirling becomes equal to a natural frequency,
a 90 degree phase lag shift occurs, which is typical when force frequency equals natural
frequency. This phase shift means that the motion in response to the cross-coupling force
is delayed from acting for 90 degrees worth of rotation. By the time it acts, therefore, the
gap which caused the force has rotated 90 degrees such that the cross-coupled force tends
to act in a direction to further close this minimum gap. As the gap closes in response, the
cross-coupled force which is inversely proportional to this gap increases further. The cycle
continues until all gap is used up, and the rotor is severely rubbing. This final process is
shaft whip, and is a dynamic instability in the sense that the process is self-excited once
it begins.

The characteristics of shaft whip are that once it starts, all self-excitation occurs at the
bending natural frequency of the shaft, so the vibration response frequency “locks on” to
the natural frequency. Since whip begins when whirl is close to half the running speed,
and is equal to the shaft natural frequency, the normal 1X running speed frequency spec-
trum and roughly circular shaft orbit now show a strong component at about 45% of run-
ning speed, which in the orbit shows up as a loop reflecting orbit pulsation every other
revolution. The “lock on” of vibration to the natural frequency means that vibration at
speeds above whip initiation will no longer track the whirl’s previous constant percentage
of running speed.

One method of overcoming rotordynamic instability is to reduce the cross-coupling
force which drives it. A complementary solution is to increase system damping to the point
that the damping vector, which acts exactly opposite to the direction of the cross-coupling
vector, overcomes the cross-coupling. The amount of damping required to do this is com-
monly measured in terms of “log dec,” roughly 2 X « X damping ratio. For centrifugal
pumps, 1t has been found that if the log dec 1s calculated to be greater than about 0.15 then
it is likely to overcome any cross-coupling forces which are present, avoiding instability.

Typical design modifications which reduce the tendency to rotor dynamic instability
involve bearing changes, to reduce cross-coupling and hopefully simultaneously increase
damping. The most unfavorable type of bearing in this regard is the plain journal bearing,
which has very high cross-coupling, Other bearing concepts, with elliptical or offset bores,
fixed pads, or tilting pads, tend to reduce cross-coupling, dramatically so in terms of the
axially grooved and tilting pad style bearings. Even more effective and controllable, but
much more expensive, are the hydrostatic bearing and the actively controlled magnetic
bearing. Another bearing effective in reducing cross-coupling relative to damping is the
pressure dam bearing.

Shaft Press Fits API publishes a rotor dynamic guideline standard designated API-684.4
This guideline discusses the standard practices which APT uses in establishing the vibra-
tion standards for its various machinery specifications such as API-610 for centrifugal
pumps.? In API-684, the effects are discussed coming from shaft fits, such as occur in slip-
fit or press-fit impellers and sleeves. API's opinion is that the effect of such fits is uncer-
tain and generally not large, since asperities and ovality allow slight shaft bending within
even a heavily press-fit sleeve or other component. Therefore, for consistency of analysis,
API recommends that such fits be ignored, and that any slip or press-fit components be
accounted for only in terms of their added mass, not in terms of any stiffness contribu-
tions they make to the rotor system. It is the authors’ experience that press-fits do increase
shaft critical speeds, as determined by test, but generally by less than half the amount of
increase expected if the full added stiffness of the press-fit component were added to the
rotor model.

Forced Response and Typical Excitation Levels A forced response analysis may be
used to predict the vibrational displacement and stress at specific points in a model due
to individual excitations. The analysis can be used to demonstrate compliance with vibra-
tion requirements when it is not possible to avoid the occurrence of natural frequencies
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within the range of excitation, FEA is the preferred calculation method and the analysis
proceeds by first calculating the natural frequencies and mode shapes, and selecting a rep-
resentative modal damping value. The forced response analysis is then performed. The
analyst must enter modal damping ratios, force inputs, and calculation output locations.
Modal damping ratios and excitation forces can be difficult to quantify. If modal test data
are available, the damping can be estimated from existing vibration spectra by measur-
ing the width of the peaks at half power, such as discussed in API-541.1° Alternatively, for
most pump structures modal damping of 1 to 3% critical damping has proven to be rep-
resentative. Forces are input at specific locations and response to the individual force is
measured at specific locations across the frequency range. The result is a plot of ampli-
tude versus frequency for a specific force at a specific location. Since most loading varies
with speed, output from the forced response analysis is often calculated using unit loads,
and is post processed to determine amplitude. In this way not only can force be varied
with speed, but responses to individual forces at a specific point can be combined using
the square root of the sum of the squares (SRSS).

Effects of Bearing Housings and Casings The output in the example presented in
Figure 15 shows the response at the top of the bearing housing for a vertically mounted
sewage pump, due to a 100-1bf (445-N) unit load excitation at the impeller as well as at
the line shaft couplings. Figure 16 shows the expected response at the top of the bearing
housing due to 1X, 2%, 3%, and vane pass excitations determined by post processing the
data used in Figure 15. The response for each excitation represents the SRSS combina-
tion of individual forces at a particular frequency, and considers how those forces vary in
magnitude with speed. For 1X the vibration frequency and running frequency coincide.
For all other responses the vibration frequency is a multiple of the running frequency; for
example, for 2X the response amplitude when running at 10 Hz occurs at 20 Hz. For this
example, imbalance force was estimated using the individual component ISO balance cri-
teria limit, and misalignment was assumed equal to imbalance. Vane pass force was esti-
mated by reviewing fileld vibration response spectra and, based on this, was set at 40% of
the impeller radial load divided by the number of vanes.
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TORSIONAL VIBRATION

It is important to predict torsional natural frequencies near the running speed of a drive
train or at other important excitation frequency sources such as vane pass frequency, 1%
and 2> electric motor line frequency, and motor rotating speed times number of poles.
Although torsional vibration problems are not common in pump systems, they occur
enough to require calculation. In this kind of vibration, the shaft rotates at different
instantaneous speed and different phase (superimposed on the steady running speed), cre-
ating a torque oscillation along the shaft and creating twisting motion that can generate
high destructive stresses. Accelerometers or proximitor probes commonly used to measure
lateral vibration will not usually detect this vibration. A severe torsional vibration can
exhibit gear noise and tooth distress, coupling wear, keyway fatigue, or motor winding
loosening.

Lateral rotor dynamics of pumps can typically be analyzed without including other
rotor system components such as the driver or gear box. However, torsional vibration of
the pump shaft and all types of vibration of the pump stationary structure are system-
dependent, because the vibration natural frequencies and mode shapes will change
depending on the mass, stiffness, and damping of rotor components other than those
included within the pump itself The pump assembly must be modeled in terms of at least
three bodies; the pump rotor, the coupling hubs (including any spacer), and the driver
rotor, If a flexible coupling (e.g., a disc coupling) is used, the coupling stiffness must be
included in the analysis. Good estimates of coupling torsional stiffness, often as a funetion
of speed and torque, are listed in the coupling catalog data. Often a range of stiffness for
a given size is available, if needed to tune a torsional critical speed to a new value, If a gear
box is involved, each gear must be separately accounted for in terms of both inertia and
gear ratio. If the pump or driver rotor is not at least ten times as stiff torsionally than the
shaft connecting the rotor to the coupling, then the individual shaft lengths and internal
impellers should be included in the model. If resonances cannot be avoided, a coupling
selection can be optimized based on shaft torsional stress calculations. When the coupling
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is changed usually it results in different weights as well, affecting the lateral critical
speed, and rotordynamic reevaluation is recommended. A heavier coupling will reduce the
lateral critical speed.

1. Mass elastic diagrams For the first step in calculating torsional natural frequencies,
the rotor system is divided into stations, and a mass-elastic diagram is used to indicate
geometric information about each station of the pump/driver rotor system, in terms of
rotary inertia and torsional stiffness distribution, All of this information is used as
input for the computer model of the rotary system, as illustrated in Figure 17.

2. Calculation techniques Methods for calculating the first several torsional natural fre-
quencies manually are given in Blevins for simple models.” Numerical torsional analysis
can be performed by using general purpose FEA programs, or specialty programs based
on the Holzer method or transfer matrix method (TMM). In all of the computer-based
methods, the system of differential matrix equations including damping is:

[J16 + [C16 + [K18=0

where
J = diagonal rotary inertia matrix
C = rotary damping matrix
K = torsional stiffness matrix
§ = angular acceleration vector, rad/sec?
¢ = angular velocity vector, rad/sec
6 = angular displacement vector, rad

3. Penetration factors Many rotating machinery components are not integrally
machined on the shaft. Thrust collars, sleeves, disks, impellers, and coupling hubs are
assembled using shrink fits on the shaft. Depending on the component length, the
amount of shrink fit, and the size, such components may or may not contribute sig-

nificantly to the torsional stiffness. However, API-684 applies the following principles:*

o If the fit of the shrunk-on component is relieved over most of its length, then the tor-
sional stiffening effect is negligible.

o If a key is used to transfer torque (i.e, in a coupling hub), and has an axial length
equal to 3 of the shaft diameter, measured where the key starts, this will not be

Rotary inertia Driver rotor Driven rotor (Pump)

Coup. Hub
Coup. Hub

Torsional Stiffness Drive| Coupling| |Driven
shaft shaft

Elastomer
Torsionai Damping Driver loss coupling Driven loss
elem.

FIGURE 17 Torsional model example
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considered an addition of torsional stiffness. If § the shaft diameter is greater than
the key length the hub is considered loose fit and does not add torsional stiffness.

e Ifthe fit of a shrunk-on component is not relieved over a significant part of its length,
made of the same material as the shaft and manufactured with a diametral shrink
fit equal or greater than 1 mil/in (pm/mm) of shaft diameter, then the effective tor-
sional stiffness should be assumed identical with the OD of the sleeve or component.

e If the shrunk-on component has a large rotational inertia such that centrifugal
loading diminishes the effect of the shrink fit to less than 1 mil/in (wm/mm) remain-
ing press, then the torsional stiffening effect is considered negligible.

 If a shrunk-on component has a nominal fit length with L/D greater or equal to 1,
the shaft is assumed to be unrestrained by the hub over an axial length that is 3 of
the total length of shrunk surface. This 3 penetration is typically used by coupling
vendors when specifying coupling torsional stiffness from hub-to-hub.

4, Effects of the driver and gear train For an electric motor, the most important tor-
sional excitation source is the motor rotating speed times the number of poles. If a
gear box is involved, each gear must be separately accounted for in terms of inertia,
flexibility, backlash, and gear ratio. The gear stiffness can only be approximated, since
there are several parameters varying during rotation. These include:

® Instantaneous point of contact
e Direction of applied force
¢ Number of teeth in contact

The gear mesh frequency (number of teeth times rotational speed for a given gear)
is usually a strong torsional excitation frequency with a typical p.u. (per unit, i.e.,
oscillation amplitude peak-to-peak fraction of steady torque) factor of about 0.02.

5. Effects of the bearing, casing and foundation Typically, the bearing, casing, and
foundation of the pump and remainder of the drive train play a negligible role in the
torsional dynamics of a pump rotor system.

6. VFD operation The use of variable frequency drive (VFD) motors has resulted in sig-
nificant efficiency improvement in plant operation, because the motor speed can be
adjusted to optimize efficiency in the system. For pump systems that involve VFDs,
however, special attention should be taken because they provide significant new exci-
tations called “control pulse” frequencies at higher multiples of the simulated line fre-
quency (2 X motor running speed/no. of motor poles), often at 6, 12X, 18X, and so on.
The manufacturer of the controller can predict these excitation frequencies and their
associated per unit factors. The p.u. factors of VFDs are reduced considerably in pulse-
width-modulation (PWM) based VFDs.

7. APIL-684 The API Standard 684, Rotordynamics and Balancing, includes recommen-
dations for torsional analysis, and explains the importance of such analysis for new or
modified designs in rotating systems that include untried combinations of impellers,
coupling gears, shaft dimensions, and drivers. The API requirements are:*

¢ Performance of an undamped train torsional natural frequency analysis.
¢ Inclusion of the complete drive train.

¢ Verification of adequate separation margin between the torsional natural frequen-
cies and significant excitation harmonics (minimum separation margin of +/- 10%),
where excitation frequencies include 1X N, 1X and 2X electrical line frequency exci-
tation in motors/generators, VFD control pulse frequencies at 6 X multiples of elec-
trical line frequency excitation, and gear mesh.

e If any torsional interference can not be shifted, a stress and fatigue analysis should
be performed to ensure that the interference will not adversely affect the integrity
of the machine components.

e A transient torsional vibration analysis is usually required if a synchronous motor
driver is used.
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Transient torsional response of the system should be calculated with respect to exci-
tations during start-up, trip, and motor control changes. Both steady state as well as
transient forced response should be in terms of the simultaneous stationary plus oscil-
lating shear stress in the most highly stressed element of the drive train, usually the
minimum shaft diameter. Judgment on the acceptability of the assembly’s torsional
vibration characteristics should be based on whether the forced response shaft
stresses are below the fatigue limit by a sufficient factor of safety, at all operating con-
ditions. The minimum recommended factor of safety is 2, for a carefully analyzed rotor
system. To determine system stresses quantitatively, a good worst case estimate of the
system damping and of the frequencies and magnitudes of all of the significant exci-
tation forces is required. The primary torsional damping is from energy expended by
the pump impellers when they operate at slightly higher and lower instantaneous
rotating speeds due to the vibratory torsional motion. For acceptability of the torsional
rotor system assembly, stress at any condition should be below the fatigue limit with
at least safety factor of 2.0 including all stress concentration factors.

8. Damping and typical excitation levels (p.u. factors) A reasonable estimate of
the amount of torsional damping is expressed in the following equation:

.
C= k!

where

C = damping, in - Ibf - s/rad (N - m - s/rad)
k = constant value 19.1

7 = rated torque in - Ibf (N - m)
N = rated speed, cycles/min

f = evaluated frequency, cycles/min

To determine the frequencies at which large values of vibratory excitation torque
are expected, and the value of the torque occurring at each of these frequencies, the
pump torque at any given speed and capacity can be multiplied by “per unit” factor
“p.u.” The p.u. factor at important frequencies can be obtained from pump, motor, and
control manufacturers for a specific system, and it is typically in the range of 0.01 to
0.05 peak-to-peak for important excitations. Unsteady hydraulic torque from the
pump is present at a frequency equal to the running speed times 1 as well as times the
number of impeller vanes, with the higher values (0.05) being more typical of worst
case off-BEP operation and/or impellers with less than four vanes. The most impor-
tant torsional excitation frequencies from the motor are the number of poles times the
motor slip frequency (for induction motors), rotating speed times the number of motor
poles, and also the rotating speed itself. The gear mesh frequency is usually an impor-
tant torsional excitation frequency with a typical p.u. factor of about 0.02.

FINITE ELEMENT ANALYSIS OF PUMP STRUCTURAL VIBRATION

The most common form of vertical pump is the vertical turbine pump, or VIP, which is
very different from other pumps, because of its less stringent balancing, shaft straight-
ness, and motor shaft alignment tolerances, and because of its long flexible casing and the
casing’s flexible attachment to ground, and because of the peculiar spaghetti-like line-
shafting which connects the motor to the below-ground liquid-end “bowl assembly” of the
pump. However, like other pumps, the bearing loads and the bearing and wear ring clear-
ances are where problems are likely to occur.

Structural Vibration Analysis: Various Levels of Model Fidelity In general, for VIPs
and vertically mounted sewage pumps, determination of the vibrations of the stationary
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structure, the lineshafting, and the pump and motor rotors should be done simultaneously,
using FEA. The goal of such analysis is to determine the vibration mode shapes and nat-
ural frequencies of the first roughly 10 vibration modes which involve significant motion
of any of the following: any nonrotating portion of the pump, the frame of the closely cou-
pled motor or housing of the variable speed drive (if so equipped), the pump baseplate,
the pedestal, or the foundation within the geometrical limits of the model (as defined
below). The components in such a model should be represented mathematically in con-
siderable detail, as follows:

e Include foundation mass and stiffness within a radial distance (measured from the
center of the pump base) at least equal to the height of the top of the motor relative to
the level of attachment of the baseplate to the floor.

¢ Include piping details important to modal mass and stiffness, such as hangers, bulk-
heads, and expansion joints, and all the piping and its enclosed fluid within a spherical
zone of radius (relative to the centerline) equal to twice the height of the top of the motor
relative to the level of attachment of the baseplate to the floor,

¢ Include the effective flange-to-flange pump casing/bowl assembly stiffness, mass, and
location of center-of-mass, of the close-coupled motor and variable speed drive (if so
equipped), and of the discharge head or motor stand.

¢ Include any pedestal, discharge housing, and motor stand stiffness variations between
the piping in-line and perpendicular directions, taking particularly into account the
effects of coupling access or stuffing box access windows.

¢ Include the below-ground column piping and bowl assembly (in pump designs such as
can pumps which incorporate these components), the fluid in and immediately around
the column piping and bowl assembly,” any column piping stiffeners or supports, and
any shaft enclosure tubing.

¢ Include the mass of all pump impellers, and either include their nearby bowl bearings
or assume they behave as if they are rigidly attached to the pump casing at their center
of mass.

It should be noted that when analyzing VTPs or vertically mounted sewage
pumps, the best policy is to model the entire pump, motor, and base as a system, and
not only model the above-ground components. Important resonances have occurred in
pumps involving below-ground activity in concert with above-ground motion. In gen-
eral, there is no such thing as a strictly “above-ground mode” or “below-ground mode.”
Although modes may be dominated primarily by above-ground motion, this cannot be
counted on.

Combining Structural and Rotor Dynamic Preinstallation Analysis The flexibil-
ity of the VTP structure and shafting result in many closely spaced modes within the
range of frequencies for which strong exciting forces are expected. An average of one
mode per 100 cycles per minute (cpm) is not unusual for deepwell VIPs. VTP pumps
also exhibit nonlinear shaft dynamics because of the large shaft excursions which occur
in the lightly loaded long length/diameter ratio bearings, as will be explained below.
Time-averaging modal methods can be used to experimentally determine the rotor non-
linear response.

An important element of VTP shaft vibrations is the strong effect of axial thrust on the
impellers, causing a roughly 10% increase in shaft natural frequencies, as discussed by
Kovats, and providing a restoring moment which tends to suppress lateral vibrations in a
nonlinear fashion, as explained by Blevins.” Another important factor is the statistical
character of the support provided by any given lineshaft bearing. If the bearings behaved
consistently and linearly, FEA could be used to accurately predict the lineshaft modes.
However, the normally lightly loaded lineshaft bearings exhibit a rapid, nonlinear increase
in bearing stiffness as the lineshaft gets close to the bearing wall. Given the flexibility of
the lineshaft and the weak support provided by the pump column piping, and given the
relatively large assembly tolerances and misalignments in the multiple lineshaft bearings
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FIGURE 18 “Violin String” effects, influenced by axial thrust and bearing eccentricities {Mechanical Solutions, Inc.)

of these machines, the contribution of each bearing to the net rotordynamic stiffness is a
nearly random and constantly changing situation, as explained conceptually in Figure 18,
The result is that in practice there is no single value for each of the various theoretically
predicted natural frequencies, but rather the natural frequencies of the lineshafting and
shaft in the bowl assembly must be considered on a time-averaged and location-averaged
basis.

If rotordynamic analysis is performed on VTPs, it should be performed using a vali-
dated computer program based on FEA, and the following issues need to be addressed:

¢ Include all rotating component masses and effective assembled flexibility for the
entire pump rotor, the lineshafting, the motor coupling or drive, and the motor rotor.
Also include effective added mass for fluid inside and around the impellers and
lineshafting.

® Include the stiffness, both direct and cross-coupled, and damping of all bowl], lineshaft,
drive, and motor bearings, and of all impeller annular seals (Lomakin effect). It is not
generally possible to determine a precise value for these parameters, but a range of val-
ues can be identified, with maximum and minimum values established at representa-
tive operating points. Separate calculations for shaft natural frequencies and vibration
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amplitudes should be performed for at least three situations: minimum stiffness at all
bearings and seals, most probable stiffness at all bearings and seals, and maximum stiff-
ness at all bearings and seals.

¢ Include the cantilevered stiffness of the motor bearing supports relative to the founda-
tion, and of the bowl and lineshaft bearing supports as influenced primarily by the col-
umn piping flexibility.

¢ Include a forced response analysis and a transient stability analysis using as minimum
input calculated mode shapes and natural frequencies for the first 10 rotor modes, and
predictions of bearing and annular seal stiffness and damping which bracket expecta-
tions, as discussed above. In calculating forced response, include as minimum forces
worst-case unbalance in each impeller and in the motor rotor and drive rotors or motor
coupling halves, worst case misalignment across the drive or motor coupling, and worst
case unsteady or rotating hydraulic forces on each impeller.

e Include torsional as well as lateral, axial, and mixed vibration modes in all analyses. If
flexible couplings are used, a reasonable estimate must be made of the coupling torsional,
lateral, and axial stiffnesses, which are usually listed as catalog data. It should be
assumed that the thrust and radial bearings and annular seals provide no torsional
constraint or stiffness.

If a pump is low in power, often analysis will be bypassed. This always entails some
degree of risk, since small pumps can resonate just as easily as large pumps. It is the
authors’ experience that it is cost-effective in the long-run to analyze all pumps of 100 hp
(75 kW) or greater in the manner described, prior to installation. In addition, the follow-
ing should be considered “danger flags,” increasing the need for detailed analysis:

* Vibration specifications requiring less than 0.20 ips peak.
e Particularly tall units (I/D greater than 4).
¢ Variable speed units.

¢ Pumps that tie into headers that look like flutes, because they may acoustically act like
flutes.

¢ Flexibly supported pillow block bearings on U-joint drive shafting.

¢ All equipment mounted to a particularly flexible or loss inertia foundation (foundation
mass less than 5 the weight of the total weight of the supported equipment).

e Insufficient tie rods, based on calculation of excessive deflection (more than 3 mm or
0.125 in} due to length versus cross-sectional area and worst-case applied load.

e Insufficient length of suction piping.
» Lack of pipe supports close to the pump, when piping is hard-coupled to the pump.

A useful simplified method of predicting lineshaft reliability with a worst-case model
known as the “jump rope” model has been reported by Marscher.!' The concept iz to model
the lineshaft vibratory motion and loads in the worst-case limit by the deflection and end
support forces associated with a whirling jump rope, with the addition of axial thrust and
bending stiffness effects. The deflection of such a jump rope may be calculated by a quasi-
static analysis, based on D’Alembert’s principle with the end conditions set equal to the
radius of the circular path of the “hands” (bearing radial clearance) controlling the rope,
and the load per unit length at each point along the rope equal to the local displacement,
times the mass per unit length, times the square of the rotational frequency. The deflec-
tions predicted by this model are worst case, regardless of the value of or linearity of the
bearing stiffness, if the circular orbit of the end conditions is set equal to the diametral
clearance of the lineshaft bearings, and if the rotor deflection slope within each bearing is
set equal to the bearing diametral clearance divided by the bearing length. The latter con-
dition is the so-called “encastre” condition, studied by Downham, and Yamamoto.!? 13 Tt is
the encastre condition which ultimately limits the shaft deflection and stresses, and the
bearing loads; both by limiting the slope of the shaft, and by changing the end support
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condition of a shaft length in the analysis from “simple” (i.e., knife edge) to fixed. Com-
pared to the load caused by the whirling shaft mass in this condition, minimal bearing
forces are caused by initial unbalance, misalignment, or bends in the shaft; which is why
liberal tolerances on these pumps are commercially acceptable. For relatively stiff line-
shafting such as in most reactor coolant pumps, the jump rope model gives answers which
are too conservative to be useful, but for the majority of VI'Ps with shafting under 2.5 in
diameter and bearing L/D ratios of 2.5 or more it gives a quick method of confirming that
shaft stresses and bearing loads are acceptable.

FUNDAMENTALS OF PUMP VIBRATION TESTING

Predictive maintenance and troubleshooting of potential or suspected mechanical prob-
lems in pumps begins with the gathering of information which is used to determine the
condition of the machine. The analysis of these data is commonly done through trending
over time, which is a useful indicator of health. Supplementing such an approach, detailed
instantaneous evaluation can diagnose specific problems through analysis of the spectral
components of the vibration and, at the highest level, the creation of detailed animations
which show the operating deflection shape (ODS) of the machinery during normal opera-
tion, and/or during start-up and shutdown transients. In addition to such operational test-
ing and evaluation, experimental modal analysis is a specialized type of vibration testing
in which the response of the machinery is measured in response to a known input excita-
tion force (typically either through a broadband-exiting impact or a narrowband shaker
scanned though a broad frequency range).

An experienced technician or engineer will couple knowledge of the hydraulic perfor-
mance and mechanical behavior of the pump with the operational history and details of
the pump design to determine probable causes of the problematic vibration. It is advisable
to perform vibration testing during commissioning of critical equipment such that a record
of the “newly installed” performance of the pump can be kept in the maintenance file for
the pump. The vibration behavior of a pump on the manufacturer’s test stand can indicate
problems with a pump, but will not necessarily be consistent with the pump’s behavior
when mounted on a rigid foundation and connected to the process piping. In addition to
the manufacturer’s “birth certificate” testing, it is also important to maintain detailed
maintenance and operational records so that changes in vibration can be correlated to
physical or operational changes in the system.

Instrumentation choices Critical machinery often has instrumentation permanently
installed to measure the bearing housing and/or shaft vibrations. Typical modern instru-
mentation choices for pump applications are piezoelectric accelerometers (for housing
vibration) and eddy current proximity probes (for shaft vibration relative to the housing).
‘While both of these instruments measure vibration, they are quite different. Accelerometers
measure the absolute acceleration of the surface on which they are mounted. Proximity
probes measure the distance between the probe tip and the shaft. Changes in this distance
are a result of vibration of the shaft relative to the housing, but does not include an absolute
measurement of the housing on which the probe is mounted (such as with an accelerometer);
and therefore from such a measurement, the absolute shaft vibration cannot be known.
Older and noncritical machinery often does not have permanently installed instrumen-
tation but is monitored periodically by predictive maintenance personnel using a portable
analyzer and an accelerometer held in place by hand pressure or a magnet. The hand-
held instrumentation can be effective, but the user must beware of “bouncing” or “rocking”
of the accelerometer base on the machine contact surface, which is seldom flat or totally
clean. A spear point on the accelerometer contact, or a thin layer of wax on a flat
accelerometer base, can result in very accurate handheld readings, to frequencies of
thousands of kHz.

If a problem is suspected in a pump or its driver, a more detailed investigation can be
effective in determining the root cause of the problem and in assessing the risk of an
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unplanned shutdown. Instrumentation which is available for such an investigation includes
the following:
1. Portable or permanently installed accelerometers

2. Temporarily or permanently installed proximity probes

3. Dynamic pressure transducers

4, Microphones or their liquid-measuring counterparts, hydrophones

5. Temperature probes and/or infrared photography

6. Strain gages, sometimes monitored on a rotor, through FM telemetry

Each of these instruments can be very useful, but care must be taken to insure their
proper application. Common problems which are encountered are loose attachment of
accelerometers to the pump; electromagnetic interference, which is particularly problem-
atic when unshielded cables are used; and inaccurate temperature measurement with
infrared radiation detection devices due to differences in the emissivity of the surfaces.
Consideration must also be given to the resonant frequency of the sensor which will pro-
duce a systematic error in frequency measurements close to it. Modern accelerometers
have resonant frequencies which are 40 kHz or higher and have a usable frequency range
of 10 kHz or higher.

Special instrumentation is available for measurements which must be made in
extreme environments. High temperature instrumentation can be used to gather vibration
data on boiler feedwater pumps and on steam turbine drivers. This instrumentation often
has the signal conditioning electronics removed from the sensor such that it is not exposed
to the high temperatures. It is also possible to cool the instrumentation by circulating cool-
ing water through the sensor or its connection to the machine. Integral or intrinsically
sealed cable connections allow for underwater use of sensors.

Vibrations can be measured in terms of acceleration (g’s), velocity (in/s or mm/s), or dis-
placement (mils or mm). Accelerometers measure the acceleration of the surface on which
they are mounted, but it is very common for internal circuitry in either the sensor or the
analyzer to convert the signal into velocity. Velocity-based vibration sensors have largely
been replaced by accelerometers due to the excellent high frequency response of
accelerometers, and the improvements in accelerometer robustness and low frequency
performance. Exceptions are in noncontact measurements which cannot use surface
mounted accelerometers. These measurements commonly employ eddy current or fiber
optic proximity probes (displacement measurement) or lasers (displacement or velocity).

Past perception has been that acceleration sensors were best used to measure high fre-
quency vibrations and displacement sensors were best used to measure low frequency
vibrations, while velocity sensors were more universal than either in their application.
Modern accelerometers are capable of accurately measuring vibrations at very low fre-
quencies and have been successfully used below 1 Hz, making them universal for most
pump applications. However, care must be taken if low frequency acceleration data are
integrated to determine the vibration in terms of velocity or displacement. Division by fre-
quency is required, and results in division by zero or at least a very small number at low
frequencies, causing significant error. On the other side of the spectrum, proximity probes
are capable of accurately measuring vibrations in the kilohertz range which is sufficient
for pump applications which require noncontact measurements, and differentiation of dis-
placement to determine velocity, for example, does not lead to significant error.

Vibration Analyzers Vibration analyzers are used to perform operations such as Fast
Fourier Transforms (FFTs) on the raw data (vibration versus time) to determine the key
vibration frequencies. Handheld portable analyzers are used by maintenance personnel
to analyze and store vibration data from machines which do not have permanently
installed and monitored instrumentation at key locations. Analyzers used for this type of
vibration analysis should have at least two channels such that one channel can serve as
a phase reference, Multichannel analyzers which are used by technicians or engineers for
troubleshooting problems commonly have 4 to 32 channels of simultaneous data acquisi-
tion, and in principle can have hundreds of channels. Multichannel analyzers also have
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digital “tape” recording capabilities, which allow the raw data to be saved for future play-
backs, and alternative analysis. This feature is particularly useful for monitoring tran-
sient events such as equipment start-ups, speed changes, and load changes. These systems
are more complicated and more expensive which makes them more useful to specialists
in vibration analysis than to routine data acquisition for predictive maintenance. Regard-
less of the number of channels, the bookkeeping of measurement locations and directions
of the vibrational motion is vital,

The FFT frequency spectrum analysis is critical in the understanding of the physics of
most problems in that it breaks down a complex vibration waveform into its discrete fre-
quency components. Analysis of which discrete (also called “filtered”) frequency compo-
nents are dominant in the vibration spectrum provides valuable information which an
experienced engineer or technician can use to identify potential root causes for the vibra-
tion problem. This information is used to determine the strong excitation frequencies and
the vibration level at those frequencies versus tolerable levels, and with proper test pro-
cedures can be also used to determine any structural or rotor natural frequencies which
are too close to the excitation frequencies, thereby increasing the vibration.

Analysis of vibration data through other more specialized instrumentation and analyz-
ers, such as “shock-pulse-signal” or “stress-energy-signal” analysis, can be used for specific
purposes such as identifying faults in rolling element bearings. Such analysis measures
and evaluates the high frequency section of the frequency band and is not concerned with
measuring narrowband vibrations. Techniques for identifying specific problems in pumps
such as bearing faults and cavitation exist and/or are currently under development.

1. Recommended measurement locations Locations for vibration measurements on
pumps are recommended in the various specifications. The specification must be
satisfied at each of these locations in order for the pump to be accepted. In general,
it is best to measure the structural vibration at the bearings since these locations are
close to the points at which the rotor and structure interact. It is recommended that
vibrations be measured in three orthogonal directions at each bearing location,
although sometimes the axial direction is bypassed at the nonthrust end of the
machine, On critical-service pumps, shaft vibration measurements should be taken
in two orthogonal directions at each bearing location for pumps with hydrodynamic
journal bearings. Specifications such as API-610 and the HI/ANSI centrifugal pump
standards, provide illustrations of typical recommended measurement locations for
pumps with overhung rotors, between bearing pumps, and vertically suspended
pumps (e.g., vertical turbine pumps).2 4

2. Vibration acceptance testing and specifications

Specification Limits The vibrations measured on a pump and/or motor typically must
remain below some specification limit. These limits have been developed by pump design-
ers and users to set guidelines which indicate when vibrations reach a level which can
cause damage to the pump. The goal of these organizations is to provide guidelines which
reasonably define acceptable performance without either the manufacturer incurring
unnecessary design and manufacturing costs or the end user risking avoidable mainte-
nance costs throughout the life of the pump. The cost of achieving unnecessarily low vibra-
tion levels will be passed eventually from the manufacturer to the end user, so appropriate
vibration specifications must be carefully considered when purchasing a pump.

Several organizations which have specifications that are commonly applied to pumps
are the Hydraulic Institute (HI), American Petroleum Institute (API), and International
Standards Organization (1SO). Each of these organizations is preferred by manufacturers
and end users in various market segments and/or geographic areas. It is common for pur-
chasers to modify these specifications to satisfy their particular application. Both pur-
chasers and manufacturers should consider the probability of accepting a bad pump due
to a vibration specification which is too lenient versus the rejection of a good pump due to
a specification which is unnecessarily tight. In both cases additional time and costs are
incurred by both the manufacturer and the end user.

When analyzing vibration data and comparing it to a standard, the most important
thing to determine is whether the vibration level will result in premature damage to the
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pump or are there indications that the vibration is trending in a way that indicates unac-
ceptable wear in the pump. For pumps which have rolling element bearings, the oscillat-
ing forces acting on those bearings can be estimated and used to consider whether the
bearings are likely to deteriorate. Rotor vibration on pumps with hydrodynamic journal
bearings can lead to the shaft rubbing on the bearings which will result in premature
wear. It is typical for a certain percentage of the bearing clearance (normally about 50%)
to be used as the maximum allowable peak-to-peak vibration level. Other considerations
are fatigue of stationary structural components, fatigue of rotor components, and coupling
failure. Equally as important as simply determining whether it is safe to continue to oper-
ate is to identify the root cause of any abnormal vibration such that future failures can be
eliminated or at least predicted.

The goal of specifications should be to protect all parties—manufacturers, consultants,
contractors, and owners—by clearly defining and assigning responsibilities for the avoid-
ance of unacceptable vibration in newly installed pumping systems. The effectiveness of
any measures taken to minimize the likelihood of vibration problems, and to quickly solve
them if they occur, will depend upon the level of technology used. The inclination or abil-
ity of low-bid equipment suppliers to provide an appropriate level of technology should not
be assumed, but should be specifically required by the bid and contract.

Injury to rotating and reciprocating machinery due to excessive rotor vibration takes
the form of wear or fatigue of the internal components, such as bearings, seals, and shaft-
ing. In general, wear rate and fatigue tendency for a specific machine is proportional to
the oscillating displacement associated with vibration. However, testing by various
sources over the last 70 years has indicated that for classes of machines (e.g., centrifugal
pumps), operating at perhaps a range of different speeds and loads, vibration velocity
rather than displacement, correlates best with likelihood of wear (tribological) or fatigue
(metallurgical) failure. The reason for this is not made clear in most references concern-
ing acceptable vibration levels and machinery vibration acceptance standards. Early ref-
erences on this subject were Rathbone (insurance company data),’® Blake (the so-called
“Haystack Chart”),’® Baxter and Bernhard (the so-called “IRD Chart”),'” and Hancock
(petrochemical plant experience with vibration level versus failure rate for a large popu-
lation of industrial pumps).:®

Each of the classical references concluded that for large groups of machinery of various
sizes and speeds, vibration velocity (i.e., the first derivative with respect to time of the
vibration displacement) correlated better than displacement with machinery deterioration
rate and current state of health. However, for a given machine that vibrates primarily at
a constant running speed, as the great majority do (because variable speed machines are
still the exception), and when residual imbalance is the main forcing function (as it indeed
is for most in-service machinery), it was accepted that either displacement or velocity level
could be used for trending purposes. This is because velocity was merely displacement
times speed times a units constant, as shown in Figure 19.

BALANCE AND ALIGNMENT

In industry, imbalance and misalignment represent about 80 to 90% of the vibration prob-
lemns in rotating equipment, and these are relatively easy to fix or minimize most of the
time. Balancing means a process to restore the imbalanced rotor to a balanced condition
by adjusting the mass distribution of the rotor. Depending on the type of imbalance, rotors
can be balanced using either a single plane or a multiplane method, as described below.

Single Plane Balancing Static imbalance is a term used when the central principal
axis is displaced parallel to the rotational axis in a rigid rotor. The residual imbalance in
such a case requires only a single mass located in a single plane (through the center of
mass of the rotor) to balance the rotor, as shown in Figure 20.

Multiplane Balancing The two-plane balancing method is used for rotors with couple
unbalance or dynamic unbalance. The couple unbalance or “dynamic imbalance” means a
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state of unbalance in a rigid rotor where the central principal axis and the rotation axis
are not parallel with each other. In this case, mass is required on each end to balance the
rotor. In such a case, at least two planes are required to balance the rotor, as shown in
Figure 21.

Balance Specifications In the real life, is impossible to obtain a perfectly balanced
rotor. Several standards have been developed over the years to specify the maximum
residual unbalance allowable according to the equipment application and operating speed.
The ISO 1940 imbalance tolerance standard specifies different grades of imbalance tol-
erance as a function of speed. Other standards include American Petroleum Institute
(API) 610, which has recently been modified and adopted as an ISO standard, as has the
HI/ANSI pump standard.? ¥ For tight fitting components on pump shafts, the recom-
mended balance limit is somewhat tighter than the “precision” ISO Grade G-2. A typical
pump balance specification is:

For USCS units, U= %W in oz-in
For ST units, U= 63?3“/ in gr-mm
where

U = maximum allowable residual unbalance for each plane based on the static
weight supported at each end of the rotor

W = portion of static rotor weight supported by each bearing journal (lbm for USCS
units and kg for SI units)

N = maximum continuous operating speed of the rotor in revolutions per
minute (rpm)

For axially short components {e.g., a thrust washer) the difference between these two
can be neglected and only single plane static balancing is required. For components
greater in length than } their diameter, dynamic imbalance should be assumed (and in
fact is required by API- 610 in this case), and at least two plane balancing is required. For
rotors operating above their second critical speed (unusual for pumps), even two plane
balance may not be enough, and some form of at-speed modal balancing (i.e., balancing
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material removal that takes into account the closest natural frequency mode shape) may
be required.

When imbalance occurs, including imbalance caused by shaft bow, it shows up with a
frequency of exactly 1X running speed. This is because the heavy side of the rotor is rotat-
ing at exactly rotating speed, and so forces vibration movement at exactly this frequency.
Typically, this also results in a circular shaft orbit, although the orbit may be oval if the
rotor is highly loaded within a journal bearing.

Alignment Measurement Techniques and Guidelines Next to unbalance, in indus-
try misalignment is the primary reason for high vibration in rotating equipment and can
cause severe damage on coupling elements through fatigue of dry element coupling
diaphragms or shim packs, lubricated gear coupling tooth wear, overheating, bearing pre-
loading, and—in the case of severe misalignment—shaft fatigue.

Over the years, several techniques have been developed for measuring misalignment:

e Straightedge method
¢ Face and rim method
¢ Reverse dial indicator
¢ Continuous alignment monitoring, for example with “Dodd bars” or “Essinger bars”

STRAIGHTEDGE METHOD This is the least accurate method of alignment (0.10 mm or 5 mils),
and typically should only used for a quick, rough preliminary alignment by using a
straight ruler between coupling hubs with the same outside diameter.

FACE AND RIM METHOD This method uses a dial indicator, and offers more accurate read-
ings (0.010 mm or 0.5 mils). Is typically used in industry for cold readings, where the off-
set misalignment is measured by placing the dial indicator on one of the hubs, and then
measuring the other hub in the radial direction, by rotating both shafts together and tak-
ing measurements in each quadrant (every 90 degrees). In this case, the sum of horizon-
tal readings must be equal to the sum of the vertical readings. Usually, the pump
manufacturer recommends the misalignment requirement at cold condition in order to
reach the desired alignment condition during operation once the thermal growth is
reached on both shafts. Offset misalignment is most of the time combined with the angu-
lar misalignment. In this case, the reading is taken in the axial direction on the coupling
hub (face reading). The disadvantages of this method are that the diameter of the hub
surfaces must be circular without imperfections or irregularities on this surface, as well
as concentric with the face surfaces, unless the readings are taken by rotating both shafts
together, The other disadvantage is that either the pump shaft or the driver should not
float axially; otherwise, an axial stop should be used to reduce the face reading errors.

REVERSE DIAL INDICATOR This method is similar to rim method, but in this case, two dial
indicators are used, reading on each hub (pump and driver). This method is commonly
used in order to verify the alignment once the temperature in the equipment has stabi-
lized, by bringing the equipment to a stop, and then quickly setting up and operating the
reverse dial system, as a “hot alignment check.” Laser optical alignment is also used,
assisted by a computer program to facilitate and reduce the time of the alignment process
for the user. This method offers high precision. The principle is simple, and employs a laser
beam transmitter, which is clamped to one shaft. A reflecting prism is mounted on the sec-
ond shaft, with the assembly acting as in the reverse dial indicator method, but typically
without shaft sag. The beam passes from transmitter to prism, the angled faces of which
then reflect it directly back toward the origin but along a different path. The returning
beam strikes a target that electronically senses shift from a zero position. Electronic cir-
cuitry translates that shift into the type and amount of misalignment. The necessary
adjustmenta are displayed in the computer program graphics.

DODD BARS Dodd bars can be used to monitor the alignment between two units (driver
and driven) during the transient condition until the final thermal growth is reached.?
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TABLE 1 Guidelines for proper alignment

Think in terms of offset in combination with parallel misalignment

Reverse Dial Indicator is most foolproof method

Check foot bolt tightness before starting, ensure gage assembly is tight and stiff
Set all gages to mid-travel

Rotate gage assembly several times to “shake-out” hysteresis

Do repeatability readings several times:
Readings should repeat within 1 mil, 3:00 + 9:00 = 6:00 + 12:00

Take final readings in 4 positions: 3:00, 6:00, 9:00, 12:00
Quantify sag in indicator measurement arm, on straight rigid shaft
Subtract sag from 12:00 reading, add sag to 6:00 reading

Misalignment should be (this is a general guideline only):
Offset: less than 2 mils * (3600/RPM)
Parallel: less than 3 mil X (3600/RPM) per axial inch

Remember: Alignment when machine is cold and non-pressurized will be different
than when machine is hot and pressurized. May need non-zero “cold offsets” for
best COS alignment, and may need compromise alignment for variable COS,

Beware of “soft foot” (e.g., “teetering” pump, or delaminated foundation)

These bars are made of titanium, with low thermal coefficient which reduces the distor-
tion of the readings by reducing the thermal deformation of the bars. Four proximitor
probes are mounted on one of the bars on the driver machine bearing bracket monitoring
both the horizontal and vertical directions at two axially offset locations on the other bar,
which is mounted through a bracket to the driven machine bearing housing.

Sometimes a rotor must be offset when cold and not running in order to be aligned
when running and hot. For example, thermal growth of the pump or its pedestal versus
the driver could change alignment “hot” versus “cold.” This situation can be checked
with various continuous monitoring tools, such as Dodd bars or Essinger bars, that
monitor the offset and angular movement of the pump and driver bearing housings rel-
ative to either each other (Dodd bars) or relative to the foundation as a reference
(Essinger bars).

Misalignment is best checked by some form of the reverse dial indicator method (or its

laser alignment tool equivalent). Guidelines for a proper alignment process are provide in
Table 1,

FIELD VIBRATION TROUBLESHOOTING PROCEDURES

Typically, vibration monitoring programs are designed to determine if there is a serious
vibration preblem, but more sophisticated analysis is required to determine the root cause
of the problem and to identify suitable fixes. A good starting point for troubleshooting of
vibration problems is to identify particular operating conditions (speeds, flow rates, and so
on) which result in high vibrations. The next step is to measure high resolution vibration
spectra at the conditions which result in high vibrations to identify the frequencies at
which the highest components of vibration are present and the locations on the machinery
where the highest vibration occurs. This basic information can be used to sort through poten-
tial causes of the vibration using a vibration troubleshooting list, as shown in Table 2. In
some cases, additional data such as pressure pulsation measurements may be required to
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narrow down potential causes. This list can serve as a guide for additional measurements
or in some circumstances may even lead directly to the root cause and solution.

Vibration testing to determine pump mechanical health is similar in nature to the
“chest rapping” and “heart and lung listening” tests that a physician performs during a
physical. Comparing to established norms the amplitude and frequency resulting from
chest impacts and from your naturally occurring pulse and aspiration, the doctor diag-
noses your condition. When vibration field problems occur, analogous testing can be per-
formed, for example, signature analysis can determine the frequencies which are most
strongly excited, suggesting possible root causes to someone familiar with the vibration
characteristics of the pump internal components and the systems to which the pump is
attached. Following signature analysis, experimental modal analysis (EMA) has proven its
ability to separately determine the excitation forces and the natural frequencies of the
pump system.

Troubleshooting Techniques The following measurements are suggested as a mini-
mum for predictive maintenance or vibration troubleshooting of any style pump :

1. What the vibration level is on both bearing housings on pump, and on the pump-side
(i.e., “inboard”) bearing housing on driver in the vertical, horizontal, and axial
directions.

2. How hydraulic performance compares to design. In other words, for a given speed and
capacity (i.e., flow rate), how close is the head of the pump to the curve supplied by the
manufacturer, especially near the design or best efficiency point (BEP)? Are the head
and capacity steady when the operator tries to hold the pump at a constant speed? Is
the motor or steam turbine driver required to provide more power than expected?

3. What the bearing shell or lubricant exit or sump temperatures are.

4. Whether the suction pressure is steady at a given operating point, and well above
NPSH requirements.

5. Whether unusual noises are present at certain operating conditions, and if so, what
their main frequencies are.

For high energy multistage pumps, particularly, the following measurements are also
recommended:

1. Vibration of the shaft relative to the housing near each bearing, using proximity
probes permanently installed in each bearing housing to monitor vertical, horizontal,
and axial displacement and vibration.

2. What the monitored leakage rates and exit temperatures are in the thrust balancing
device (if any) leak-off line and seal coolant feed or lubrication lines (if any).

3. Whether any unexpected wear particles or pumpage contamination are detectable in
samples taken of the lubricant on a regular basis.

4. What the pump shaft and casing natural frequencies are, and what the vibration
response to a unit load near the bearings is at these frequencies, as determined by
experimental modal analysis.

Recognizing and Solving Vibration Problems Probably 90% of all pump vibration
problems can be solved by careful balancing of the rotor assembly, alignment of the cou-
pling when the system is at its rated conditions (especially if it is hot), for example, per
Dodd, and running the pump within the bounds of its specified head versus capacity
curve.?’ Remaining pump vibration problems are generally due to a resonance of a sys-
tem natural frequency with one of the excitation forces common to all pumps, such as
residual unbalance. During resonance, the rotor vibrations can exceed clearances, or exces-
sive bearing loads can occur, even if unbalance, misalignment, and hydraulic loads are
within normally acceptable limits.

In the case of resonance, simple trial-and-error field fixes, such as addition of clamped
weights or brace-stiffening of the apparently offending portions of the structure, can often
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be effective. However, if such “fixes” only shift the problem to a slightly different frequency,
and cannot be made effective within a reasonable period of time, it is important to stop cut-
and-try and answer the following questions :

1. Are the excitation forces within normally acceptable limits?

2. What are the natural frequencies of the rotating and stationary parts of the pump and
attached structures when they are assembled as a system, and have they changed?

3. What are the excitation force frequencies in the actual installation, and do they coin-
cide with the any of the assembled system natural frequencies?

4, If there is a vibration problem due to excessive excitation force or a resonance, how
can the pump or system be changed most easily to solve the problem? In testing for
resonance, typical vibration test locations include the bearing housings, the casing,
the pedestal or baseplate near the pump attachment bolts, the baseplate near the
foundation bolts, the nearby foundation and piping, and any already instrumented or
exposed portion of the pump shaft including the driver coupling.

In performing vibration troubleshooting, generalized charts matching symptoms to
possible causes can be useful for many typical or simple problems. However, do not rely too
heavily on such lists, especially if their initial application does not lead to immediate res-
olution of the problem. Persistent pump vibration problems are usually due to an unex-
pected combination of factors, some of which are specific to the particular pumping system,
like mechanical or acoustical piping resonances, or hot running misalignment of the
pump/driver due to thermal distortions of the piping or baseplate. With this warning, a list
of some of the more common pump vibration symptoms and their causes is given in Table
2. The list is not meant to be all inclusive, and is in the order of the frequency value
observed, not in order of likelihood or importance to reliability. Definitions useful in read-
ing this list are:

Runout: False vibrations picked up by a proximity probe, actually reflecting shaft scratches,
gouges, undulations, and so on, or static shaft bends or misalignment (“mechanical runout”),
or eddy current sensitivity variations along the shaft surface or instrumentation noise
(“electrical runout”). This can be determined by observing the apparent shaft orbit when the
shaft is slowly turned.

Inboard: The coupling side of the pump or driver.
Outboard: The “nondriven” end of the pump or driver opposite to the coupling.
Narrowband: Vibration response which is at a single frequency.

Broadband: Vibration response which covers a band of frequencies on a spectrum plot.

Puzzie Approach 1t is often not possible to measure the behavior of the entire pump
from measurements on the accessible portions of the pump. In such cases, knowledge of
the pump and system can be used in conjunction with the available vibration data to
“puzzle through” likely causes of the vibration problem. For instance, it is difficult to mea-
sure the rotor deflections at the many locations along the span of the rotor in a multistage
pump. However, the deflected shape of the rotor at key frequencies can be deduced from
measurements at the bearing locations (to identify natural frequencies of lateral rotor
modes) when combined with rotordynamic calculations for the rotor system.

A time-proven technique for identifying and solving many problems is to determine
the offending excitation sources and the natural frequencies of the structure and rotor.
Knowledge of both helps an engineer or technician to determine if the vibration problem
is a result of an abnormally high excitation force as would be expected from rotor imbal-
ance, or a result of a normal excitation force which is being amplified by a nearby nat-
ural frequency. The symptom is the same in either case, but the means of fixing the
problem (not just alleviating the symptom and allowing it to return later) is significantly
different. In the case of an abnormally high 1X excitation force, correcting the balance
of the rotor may be a suitable solution. In the case of amplification from a natural fre-
quency, balance of the rotor will be a short-lived solution which will permit the vibrations
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to increase to unacceptable levels as the rotor wears or deposits accumulate and the
imbalance returns.

Complementary Measurements Many problems manifest themselves as mechanical
vibration in pumps, but effectively troubleshooting them often requires measurements in
addition to the external structural vibration. Measurements which help to define the
cause of the vibration are dynamic pressure measurements in the suction and discharge
piping, acoustic measurements, thermography, static and dynamic torque measurement,
oil or grease analysis, and electric current spectral analysis. These complementary mea-
surements can identify abnormally high pressure pulsations in the suction or discharge,
acoustic resonance in the piping, high torque pulsations resulting from electrical prob-
lems, and other unexpected difficulties.

Oil Monitoring Analysis A new technology has reached maturity recently known as
oil monitoring analysis.?' This involves monitoring the condition of the bearing lubricant,
both to determine whether the lubricant needs replacing, as well as to use the lubricant
as a “telltale” of whether there are problems in the pump or its driver. Typical methods
include chemical analysis and the observance of the amount of particulates in the flow.
Chemical analysis can consist of determining the oil’s total acid number TAN or total
base number TBN (determines if the antioxidation capability of the oil has degraded,
implying excessive temperature in the bearing), running a spectroscopic analysis in
which the atomic spectra of the small particles and other constituents in the oil are exam-
ined (determines if bearing metal is flaking off, or if dirt or contaminants are entering
the oil), or running a water-detection test such as a Karl Fischer test. Particulate analy-
sis can take the form of observing the degree to which light is blocked by a lubricant
sample (implies how many particles are in the oil), or can consist of “ferrography” in
which metal particles are collected from the flowing oil by a magnetic strip, and exam-
ined under a microscope for shape, size, and color. Other specialty tests are possible, from
the intuitive (smell and color) to the very sophisticated (electron microscope examina-
tion of wear particles).

0il analysis is better than vibration for picking up the early stages of lubrication or
wear problems in rolling element bearings or gears, or for detecting severe misalignment
where each rotor is “pinned” against its bearing housing by the misalignment forces.

Thermography Thermography involves mapping out the surface temperatures on a
machine or system component, looking for lack of symmetry where symmetry should exist,
for example, around the periphery of a bearing housing.?? It can be a very sensitive method
of discovering particular problems. In the case of the bearing housing, for example, if a
heavy misalignment were present, a hot spot would be observed on one side of the pump
bearing housing, and a hot spot would be also observed on the opposite side of the driver
bearing housing. Thermography is most easily implemented using thermally sensitive
video equipment, but infrared cameras are still very expensive, particularly if tempera-
tures are shown in color rather than as shades of gray. Although it takes a little more time,
exactly the same information is available for a much smaller budget by plotting on paper
the readings from a surface thermometer, surface thermocouple, or an inexpensive
infrared gun. In the case of either a $40,000 infrared camera or a $200 infrared gun, be
careful that what is being detected is emitted radiation, which depends not only on the
true temperature, but also on the emissivity of the surface, typically about 1.0, but which
can decrease up to about a factor of 2 depending upon amount dirt, roughness of the sur-
face, and whether the surface has been freshly painted. If readings are taken off a piece
of material (e.g., fresh duct tape) firmly pasted on the surface rather than from the sur-
face itself, problems with this issue can be avoided.

Electric Current Spectrum Monitoring Oak Ridge National Laboratory (ORNL) and
the US. Navy pioneered this method. It involves observing output from an oscilloscope or
FFT analyzer at the output from an inductive “clamp-on” electric current probe, that is
attached in an encircling manner around a motor phase lead.?? The evaluation is like
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interpreting a vibration spectrum, such that whatever frequencies show up strongly in
the current are assessed relative to whether they are too high in current, and if so what
would physically cause this. The most common problem frequencies are induction motor
2% slip frequencies (including 1X speed +/- 2x slip “sidebands”), of course the line fre-
guency, twice the line frequency, the rotor bar passing frequency, and the stator slot pass-
ing frequency. Broken rotor bars, for example, lead to increased slip sidebands and
stronger levels of slotpass. Theoretically, faults in the pump that affect the motor torque
and therefore current should also be evident in the spectrum, but generally vibration is
more sensitive for pump problem detection.

Operating Deflection Shapes A very useful modern troubleshooting method is called
operating deflection shape (ODS) analysis. In this method, vibration is detected by probe
signals fed into an FFT analyzer, where the data are taken in three orthogonal directions
at all representative locations on a pump and its relevant system (baseplate, nearby pip-
ing, driver, exposed shafting). The data are taken such that, as probes are “roved” over the
pump and system during different portions of the test, one reference probe is always left
at the same location and direction, to allow “phasing” (timing) of when the motion peaks
in one group of test points versus another. The resulting database is plotted as an ani-
mation that exaggerates the scale of the motion, so that it is easy to make physical inter-
pretations of causes for high vibration at a certain frequency. For example, a high pump
versus motor out-of-phase oval motion may be observed at a frequency of 2X running
speed, indicating misalignment.

Experimental Modal Analysis or “Bump” Testing It is possible that, in spite of com-
petent preinstallation vibration analysis, complicated vibration problems may still occur
in the final installation due to, for instance, idiosyncrasies in foundation material prop-
erties or in bolted joint behavior, inaccurate mass information supplied by motor or drive
manufacturers, or an accidental defect in materials or workmanship. If the standard field
service troubleshooting procedures of the pump manufacturer are not effective within a
reasonable period of time, then modal analysis testing can be used to understand such
problems quickly, particularly when combined with ODS. In addition, some form of modal
analysis, using known exciting forces, such as from a calibrated impact hammer, should
be used at the time that the pump and piping installation is completed to verify that the
frequency versus excitation force frequency margins of structural vibration modes closest
to 1, 2X, and vane pass frequencies meet acceptance standards. If problems exist, modal
analysis software can be used to extend the experimentally based model with “what-if”
proposed bracing or other modifications (called structural dynamics modification) should
be used to determine practical solutions. However, exercise care:

e Modal analysis testing requires skill and experience to be applied usefully to pumps and
pumping systems. Proof of such capability should be supplied by the agent who will
perform the test.

¢ The modal analysis test should include at least 50 locations (usually with three orthog-
onal directions at each location) of the response probes, including the corners of the
baseplates, the foundation floor and pedestal, key segments of the pump stationary
structure (e.g., vertical pump discharge head flanges, horizontal pump bearing housings
and casing ends, driver housing ends), and the nearby attached piping and other impor-
tant structural details.

e The test should include a means for discriminating between apparent modal response
caused by undocumented pump operational forces and environmental background
vibrations, and the actual modal response due to the documented artificial excitation
forces of the modal test.

In experimental modal analysis (EMA), a known force (constant at all frequencies

within the test range) is put into a pump, and the pump’s vibration response exclusively
due to this force is observed and analyzed. EMA can determine the vibration characteristics
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of pumps either on the test stand or in the field. The actual natural frequencies of com-
bined casing, piping, and supporting structure can be obtained, and if time-averaging data
collection procedures are used, EMA can also determine the rotor natural frequencies at
the pump operating conditions. Separately, the frequencies of strong excitation forces
within the pump can be estimated by comparing the vibration versus frequency spectrum
of the pump’s EMA artificial force response to the signature analysis spectrum of the
pump’s response to the naturally occurring forces from within the pump and from its
attached system and environment. Figure 22 shows how the broadband “terrain” or peaks
and valleys from an EMA impact test, when amplitude is plotted logarithmically to
accentuate low level response and put it on the same footing as the largest response fre-
quencies, can be used to better understand whether the high vibrations are caused by the
amplifying effect of a natural frequency, or are just due to an excessive oscillating force.
Knowing this allows a troubleshooter to focus on the root cause, and provide a funda-
mental fix.

The main tools required to do EMA are a multichannel FFT frequency analyzer, a com-
puter with specialty software, a set of vibration response probes such as accelerometers

Modal Impulse Testing:
Use of “Frequency Response Function”

" PASSIVE RESPONSE
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\
f Il‘l
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FIGURE 22 Vibration frequency spectrum dependence of natural frequencies and forces F (Mechanical Solutions, Inc.)
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or proximity probes, and a load-cell-instrumented impact hammer designed to spread its
force over a frequency range which covers the test range, as if the results of a number of
shaker tests were combined.

The impact hammer should have an accelerometer load cell in its head which is cali-
brated to indicate the force being applied. During an EMA test, the signal from the ham-
mer input force accelerometer is sent to one channel of the spectrum analyzer, and the
signals from the vibration response probes are sent to the other channeils. Dividing, at each
frequency, the response channels by the impulse force channel gives the “frequency
response function” (FRF) of the pump and its attached system. The peaks of the FRF are
the noncritically damped natural frequencies, and the width and height of the peaks indi-
cate the damping of each natural frequency, and how sensitive vibration at the test loca-
tion is to forces which occur in the vicinity of the hammer impact at frequencies near a
given natural frequency. The details of classical modal analysis and its application are
given by Ewins,?

A variation of EMA has been developed by Marscher to achieve useful results within
the time and operational constraints of actual field tests. This technique is known as time
averaged pulse (TAP™), The method statistically reorganizes the data obtained from
modal analysis in order to reliably determine structural natural frequencies and mode
shapes, resonating force locations and frequencies, and rotor critical speeds, with all test-
ing performed while the pump remains operating at the problem running condition. The
method then uses classical modal analysis processing techniques to produce an animated
mode] of each natural frequency’s vibration pattern, and to make predictions about the
effectiveness of proposed design changes, such as stiffer bearings, new piping supports, or
a thicker baseplate. The TAP™ method may be applied to machines at any operating
speed and load.#* 2526

Determining the critical speeds of a pump rotor by impacting while the pump is
operating at the condition of interest provides an alternative to the current practice of
basing critical speeds on the peaks of “waterfall plots” of spectra obtained during pump
start-ups or shutdowns. Waterfall plots can poorly represent pump rotor dynamic per-
formance during steady state operation due to the strong sensitivity of annular seal
stiffness and damping to operating conditions. The primary reason that pump natural
frequencies are sensitive to operating condition is the Lomakin effect, which can
significantly change the rotor support stiffness and damping, depending upon the
pump’s speed and load. The strong dependence on speed of a large fraction of the rotor
support stiffness leads to differences between the frequencies of peaks in the transient
waterfall plot and actual natural frequencies at steady state operating conditions of
interest. This error is greater in pumps than in compressors and gas turbines, where
circumferential variation in the seal static pressure does not get as high and therefore
waterfall plotting has enjoyed success.

The analytical counterpart of the waterfall plot is the Campbell diagram, which plots
vibration excitation frequency versus running speed. Since the strongest vibration excita-
tions in pumps usually occur at integer multiples of the running speed, these are plotted
on the diagram as diagonal lines emanating from the plot origin. Likewise, roughly hori-
zontal lines are plotted for the first several calculated rotor natural frequencies. Intersec-
tions of excitation and natural frequency curves are marked by circles of radius equal to
10% of the frequency at which the intersection occurs. If any part of any circle lies between
two vertical lines which represent the minimum and maximum running speeds, then a
resonance is predicted, requiring steps to shift the problem natural frequency, increase its
damping until it is critically damped, or eliminate the exciting force.

PROGNOSIS: DETERMINING PROBLEM SEVERITY

Physical Relationship between Vibration and Damage Figures 23 and 24 show typ-
ical failure modes and associated frequencies in a representative pump style. The point
of these figures is not to be all inclusive of pump problems, but to show major issues, and
how the problem relates to the resulting vibration.
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FIGURE 23 Horizontal pump symptoms of typical hydraulic or mechanical problems (Mechanical Solutions, Inc.)
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FIGURE 24 Typical frequencies associated with pump failure modes (Mechanical Solutions, Inc.)
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CONCLUSION

Machinery issues such as the effects of nozzle loads and procedures for checking accept-
ability of vibration can seem deceptively simple. In reality, it takes education and experi-
ence to reach the correct conclusion relative to the many interrelated issues associated
with choosing and operating a centrifugal pump.
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GENTRIFUGAL PUMP
GONSTRUGTION

2.2.1
CENTRIFUGAL PUMPS: MAJOR
COMPONENTS

IGOR J. KARASSIK
C.C.HEALD

CLASSIFICATION AND NOMENCLATURE

A centrifugal pump, stripped of all its refinements, has two main parts: (1) a rotating ele-
ment, including an impelier and a shaft, and (2) a stationary element made up of a casing,
casing cover, and bearings.

In a centrifugal pump, the liquid is forced by atmospheric or other pressure into a set
of rotating vanes. These vanes constitute an impeller that discharges the liquid at its
periphery at a higher velocity. This velocity is converted to pressure energy by means of a
volute (see Figure 1) or by a set of stationary diffusion vanes (see Figure 2) surrounding
the impeller periphery. Pumps with volute casings are generally called volute pumps,
while those with diffusion vanes are called diffuser pumps. Diffuser pumps were once
quite commonly called turbine pumps, but this term has become more selectively applied
to the vertical deep-well centrifugal diffuser pumps usually referred to as vertical furbine
pumps. Figure 1 shows the path of the liquid passing through an end-suction velute pump
operating at rated capacity (the capacity at which best efficiency is obtained).

Impellers are classified according to the major direction of flow in reference to the axis
of rotation. Thus, centrifugal pumps may have the following:

¢ Radial-flow impellers (see Figures 22, 30, 31, 32, and 33)
* Axial-flow impellers (see Figure 26)

» Mixed-flow impellers, which combine radial- and axial-flow principles (see Figures 24
and 25)

LIBERTY EXHIBIT 1017, Page 274
2,249



2.250 CHAPTER TWO

POINT OF ENTRANCE

TO IMPELLER VANES FLOW

LINE

FLOW
LINE
VOLUTE

: ‘ %f .
f } ‘ IMPELLER

SECTION THRQUGH IMPELLER AND
VOLUTE ALONG MEAN FLOW SURFACE

TYPICAL PUMP SECTION

g 8T 3 T T T <
T T DISCHARGE
200 GPM (485 m¥n) & 70T VANE TP |- H VOLUTEFD 0 &
166 F7 {50.6 m) TOTAL HEAD > AT N THROAT r
3,500 RPM 5 SO ' G
' g 50[{SUCTICN 4 = £Hi5 S
23N (635mm) SUCTION DIAM. & 4o [TVANE TR X' ! ‘ g
2 N (50.8 mm) DISCHARGE DIAM. ; 10 T ‘ y ] SRS
3 f ! i i =
63 IN U715 mm) IMPELLER DIAM. 5 20| % f/i aan T Ny 2
£ 1N /5.9 mm) IMPELLER WIOTH § 10 bt REREEE @
E 0 11 IR I I i =4
DEVELOPED PATH
SUCTION DISCHARGE
FLANGE FLANGE

FIGURE 1 A typical single-stage, end-suction volute pump (Flowserve Corporation)

Impellers are further classified in one of two categories:

* Single-suction, with a single inlet on one side (see Figures 22 and 33)

¢ Double-suction, with liquid flowing to the impeller symmetrically from both sides (see
Figures 23, 24, and 34)

The mechanical construction of the impellers gives a still further subdivision into

¢ Enclosed, with shrouds or side walls enclosing the waterways (see Figures 22, 23, and 24)
® Open, with no shrouds (see Figures 26 and 30)
¢ Semiopen or semienclosed (see Figure 32)

Casing

Diffuser

Impeller
FIGURE 2 A typical diffuser-type pump
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A pump in which the head is developed by a single impeller is called a single-stage
pump. Often the total head to be developed requires the use of two or more impellers oper-
ating in a series, each taking its suction from the discharge of the preceding impeller. For
this purpose, two or more single-stage pumps can be connected in a series or all the
impellers can be incorporated in a single casing. The unit is then called a multistage pump.

The mechanical design of the casing provides the added pump classification of axially
split or radially split, and the axis of rotation determines whether the pump is a horizon-
tal or vertical unit.

Horizontal-shaft centrifugal pumps are classified still further according to the location
of the suction nozzle:

¢ End-suction (see Figures 1, 8, 11, and 12)
e Side-suction (see Figures 7 and 10)

¢ Bottom-suction (see Figure 14)

¢ Top-suction (see Figure 21)

Some pumps operate in air with the liquid coming to and being conducted away from
the pumps by piping. Other pumps, most often vertical types, are submerged in their suc-
tion supply. Vertical-shaft pumps are therefore called either dry-pit or wet-pit types. If the
wet-pit pumps are axial-flow, mixed-flow, or vertical-turbine types, the liquid is discharged
up through the supporting drop or column pipe to a discharge point above or below the
supporting floor. These pumps are consequently designated as aboveground discharge or
belowground discharge units.

Figures 3, 4, and 8 show typical constructions of a horizontal double-suction volute
pump, the bowl section of a single-stage axial-flow propeller pump, and a vertical dry-pit
single-suction volute pump, respectively. The names recommended by the Hydraulic Insti-
tute for various pump parts are given in Table 1.

CASINGS AND DIFFUSERS

The Volute Casing Pump This pump (refer to Figure 1) derives its name from the spi-
ral-shaped casing surrounding the impeller. This casing section collects the liquid dis-
charged by the impeller and converts velocity energy to pressure energy.

A centrifugal pump volute increases in area from its initial point until it encompasses
the full 360° around the impeller and then flares out to the final discharge opening. The

FIGURE 3 Horizontal, single-stage, double-suction volute pump (the numbers refer to parts listed in Table 1)
(Flowserve Corporation)
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TABLE1 Recommended names of centrifugal pump parts®

Itemno. Name of part Item no. Name of part
1 Gasing 33 Bearing housing (outboard)
1A Gasing (lower half) 35 Bearing cover (inboard)
1B Gasing (upper half) 36 Propeller key
2 Impeller 37 Bearing cover (outboard)
4 Propeller 39 Bearing bushing
6 Pump shaft 40 Deflector
7 Gasing ring 42 Coupling (driver half)
8 Impeller ring 44 Coupling (pump half)
9 Suction cover 46 Coupling key

11 Stuffing box cover 48 Coupling bushing

13 Packing 50 Coupling lock nut

14 Shaft sleeve 52 Coupling pin

15 Discharge bowl 59 Handhole cover

16 Bearing (inboard) 68 Shaft collar

17 Gland 72 Thrust collar

18 Bearing (outboard) 78 Bearing spacer

19 Frame 85 Shaft enclosing tube

20 Shaft sleeve nut 89 Seal

22 Bearing lock nut 91 Suction bowl

24 Impeller nut 101 Column pipe

25 Suction head ring 103 Connector bearing

27 Stuffing box cover ring 123 Bearing end cover

29 Lantern ring (seal cage) 125 Grease (oil) cup

31 Bearing housing (inboard) 127 Seal pipe (tubing)

32 Impeller key

sThese parts are called out in Figures 3, 4, and 8.

wall dividing the initial section and the discharge nozzle portion of the casing is called the
tongue of the volute or the “cutwater.” The diffusion vanes and concentric casing of a dif-
fuser pump fulfill the same function as the volute casing in energy conversion.

In propeller and other pumps in which axial-flow impellers are used, it is not practical
to use a volute casing, Instead, the impeller is enclosed in a pipe-like casing. Generally, dif-
fusion vanes are used following the impeller proper, but in certain extremely low-head
units these vanes may be omitted.

A diffuser is seldom applied to a single-stage, radial-flow pump, except in special
instances where volute passages become so small that machined or precision-cast volute
or diffuser-like pieces are utilized for precise flow control. Conventional diffusers are often
applied to multistage pump designs in conjunction with guide vanes to direct the flow effi-
ciently from one impeller (stage) to another in a minimum radial and axial space. Diffuser
vanes are used as the primary construction method for vertical turbine pumps and single-
stage, low-head propeller pumps (see Figure 4).

Radial Thrust In a single-volute pump casing design (see Figure 5), uniform or near uni-
form pressures act on the impeller when the pump operates at design capacity (which coin-
cides with the best efficiency). At other capacities, the pressures around the impeller are
not uniform (see Figure 6) and there is a resultant radial reaction (F). A detailed discus-
sion of the radial thrust and of its magnitude is presented in Section 2.1.3. Note that the
unbalanced radial thrust increases as capacity decreases from that at the design flow.
For any percentage of capacity, this radial reaction is a function of total head and of the
width and diameter of the impeller. Thus, a high-head pump with a large impeller diame-
ter will have a much greater radial reaction force at partial capacities than a low-head
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FIGURE 4 Vertical wet-pit diffuser pump bowl (the FIGURE 5 Uniform casing pressures exist at
number refers to parts listed in Table 1) (Flowserve design capacity, resulting in zero radial reaction
Corporation)

pump with a small impeller diameter. A zero radial reaction is not often realized; the min-
imum reaction occurs at design capacity.

Although the same tendency for unbalance exists in the diffuser-type pump, the reac-
tion is limited to a small arc repeated all around the impeller. As a result, the individual
reactions cancel each other out as long as flow is constantly removed from around the
periphery of the diffuser discharge. If flow is not removed uniformly around its periphery,
a pressure imbalance may occur around the diffuser discharge that will be transmitted
back through the diffuser to the impeller, resulting in a radial reaction on the shaft and
bearing system.

In a centrifugal pump design, shaft diameter as well as bearing size can be affected by
the allowable deflection as determined by the shaft span, impeller weight, radial reaction
forces, and torque to be transmitted.

Formerly, standard designs compensated for radial reaction forces encountered at
capacities in excess of 50% of the design capacity for the maximum-diameter impeller
of the pump. For sustained operations at lower capacities, the pump manufacturer, if prop-
erly advised, would supply a heavier shaft, usually at a much higher cost. Sustained oper-
ations at extremely low flows without the manufacturer being informed at the time of
purchase are a much more common practice today. This can result in broken shafts, espe-
cially older designs, on high-head units.

Because of the increasing application of pumps that must operate at reduced capaci-
ties, it has become desirable to design standard units to accommodate such conditions.
One solution is to use heavier shafts and bearings. Except for low-head pumps in which
only a small additional load is involved, this solution is not economical. The only practical
answer is a casing design that develops a much smaller radial reaction force at partial
capacities. One of these is the double-volute casing design, also called the twin-volute or
dual-volute design,

The application of the double-volute design principle to neutralize radial reaction
forces at reduced capacity is illustrated in Figure 7. Basically, this design consists of two
180° volutes, and a passage external to the second joins the two into a common discharge.
Although a pressure unbalance exists at partial capacity through each 180° arc, the two
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DOUBLE-VOLUTE WALL

FIGURE 6 At reduced capacities, uniform FIGURE 7 Transverse view of a double-volute
pressures do not exist in a single-volute casing, casing pump
resulting in a radial reaction F

forces are approximately equal and opposite. Thus, little if any radial force acts on the
shaft and bearings. Section 2.1.3 also covers this topic.

The double-volute design has many hidden advantages. For example, in large-capacity
medium- and high-head single-stage vertical pumps, the rib forming the second volute
that separates it from the discharge waterway of the first volute strengthens the casing
(see Figure 8).

The individual stages of a multistage pump can be made double volute, as illustrated
in Figure 9. The kinetic energy of the pumped liquid discharged from the impeller must be
transformed into pressure energy and then must be turned 180° to enter the impeller of
the next stage. The double volute therefore also acts as a return channel. The back view in
Figure 9 shows this as well as the guide vanes used to straighten the flow into the next
stage, An alternative to the volute design for multistage pumps is the diffuser and its
return vanes that channel the flow from the discharge of the diffuser vanes back into the
impeller of the next stage.

Solid and Split Casings Solid casing implies a design in which the discharge water-
ways leading to the discharge nozzle are all contained in one casting or fabricated piece.
The casing must have one side open so that the impeller can be introduced into it. Because
the sidewalls surrounding the impeller are actually part of the casing, a solid casing,
strictly speaking, cannot be used, and designs normally called solid casing are really radi-
ally split (refer to Figure 1 and see Figures 11 and 12).

A split casing is made of two or more parts fastened together. The term horizontally
split had regularly been used to describe pumps with a casing divided by a horizontal
plane through the shaft centerline or axis (see Figure 10). The term axially split is now
preferred. Because both the suction and discharge nozzles are usually in the same half of
the casing, the other half may be removed for inspection of the interior without disturbing
the bearings or the piping. Like its counterpart horizontally split, the term vertically split
is poor terminology. It refers to a casing split in a plane perpendicular to the axis of rota-
tion. The term radially split is now preferred.

End-Suction Pumps Most end-suction, single-stage pumps are made of one-piece solid
casings. At least one side of the casing must be open so that the impeller can be assem-
bled in the pump. Thus, a cover is required for that side. If the cover is on the suction side,
it becomes the casing sidewall and contains the suction opening (refer to Figure 1). This
is called the suction cover or casing suction head. Other designs are made with casing cov-
ers (see Figure 11) and still others have both casing suction covers and casing covers (refer
to Figure 8 and see Figure 12),
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FIGURE 8 The sectional view of a vertical-shaft, end-suction pump with a double-volute casing (the numbers
refer to parts listed in Table 1) (Flowserve Corporation)

For general service, the end-suction, single-stage pump design is extensively used for
small pumps with a 4- or 6-in (102- or 152-mm) discharge size for both motor-mounted and
coupled types. In these pumps, the small size makes it feasible to cast the volute and one
side integrally. Whether or not the seal chamber side or the suction side is made integrally
with the casing is usually determined by the most economical pump design.

For larger pumps, especially those for special services such as sewage handling, there
is a demand for pumps of both rotations. A design with separate suction and seal chamber
heads permits the use of the same casing for either rotation if the flanges on the two sides

FIGURE 9 The double volute of a multistage pump, front view (left) and back view (right) (Flowserve
Corporation)
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FIGURE 10 An axially split casing, horizontal-shaft, double-suction volute pump {(Flowserve Corporation)

are made identical. There is also a demand for vertical pumps that can be disassembled by
removing the rotor and bearing assembly from the top of the casing. Many horizontal
applications of the pumps of the same line, however, require partial dismantling from the
suction side. Such lines are most adaptable when they have separate suction and casing
covers.

Casing Construction for Open- and Semiopen-Impeller Pumps In the open- or
semiopen impeller pump, the impeller rotates within close clearance of the pump casing
or suction cover (refer to Figure 11). If the intended service is abrasive, a side plate is
mounted within the casing to provide a renewable close-clearance guide to the liquid

FIGURE 11 End-suction pump with semiopen impeller (Flowserve Corporation)
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FIGURE 12 End-suction pump with removable suction and stuffing box heads (Flowserve Corporation)

flowing through the impeller. One of the advantages of using side plates is that abrasion-
resistant material, such as stainless steel, can be used for the impeller and side plate,
while the casing itself may be of a less costly material. Although double-suction, semiopen-
impeller pumps are seldom used today, they were common in the past and were generally
made with side plates.

In order to maintain pump efficiency, a close running clearance is required between the
front unshrouded face of the open or semiopen impeller and the casing, suction cover, or
side plate. Pump designs provide either jackscrews or shims to adjust the position of the
thrust bearing housing (and, as a result, the axial position of the shaft and impeller) rela-
tive to the bearing frame.

Pre-rotation and Stop Pleces Improper entrance conditions and inadequate suction
approach shapes may cause the liquid column in the suction pipe to spiral for some dis-
tance ahead of the impeller entrance. This phenomenon is called pre-rotation, and it is
attributed to various operational and design factors in both vertical and horizontal pumps.

Pre-rotation is usually harmful to pump operation because the liquid enters between
the impeller vanes at an angle other than that allowed in the design. This frequently low-
ers the net effective suction head and the pump efficiency. Various means are used to avoid
pre-rotation both in the construction of the pump and in the design of the suction
approaches.

Practically all horizontal, single-stage, double-suction pumps and most multistage
pumps have a suction volute that guides the liquid in a streamline flow to the impeller eye.
The flow comes to the eye at right angles to the shaft and separates unequally on the two
sides of the shaft. Moving from the suction nozzle to the impeller eye, the suction water-
ways are reduced in area, meeting in a projecting section of the sidewall dividing the two
sections. This dividing projection is called a sfop piece. To minimize pre-rotation in end-
suction pumps, a radial-fin stop piece projecting toward the center is sometimes cast into
the suction nozzle wall.

Nozzle Locations The discharge nozzle of end-suction, single-stage horizontal pumps is
usually in a top-vertical position (refer to Figures 1 and 11). However, other nozzle positions
can be obtained, such as top-horizontal, bottom-horizontal, or bottom-vertical. Figure 13
illustrates the flexibility available in discharge nozzle locations. Sometimes the pump
frame, bearing bracket, or baseplate may interfere with the discharge flange, prohibiting
a bottom-horizontal or bottom-vertical discharge nozzle position. In other instances, solid
casings cannot be rotated for various nozzle positions because the seal chamber connec-
tion would become inaccessible.
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FIGURE 13 Possible positions of discharge nozzles for a specific design of an end-suction, solid-casing, horizontal-
shaft pump. The rotation illustrated is counterclockwise from suction end.

Practically all double-suction, axially split casing pumps have a side discharge nozzle
and either a side- or a bottom-suction nozzle. If the suction nozzle is placed on the side of
the pump casing with its axial centerline (refer to Figure 10), the pump is classified as a
side-suction pump. If its suction nozzle points vertically downward (see Figure 14), the
pump is called a bottom-suction pump. Single-stage, bottom-suction pumps are rarely
made in sizes below a 10-in (254-mm) discharge nozzle diameter.

Special nozzie positions can sometimes be provided for double-suction, axially split cas-
ing pumps to meet special piping arrangements, such as a radically split casing with bot-
tom suction and top discharge in the same half of the casing. Such special designs are
generally costly and should be avoided.

Centrifugal Pump Rotation Because suction and discharge nozzle locations are
affected by pump rotation, it is important to understand how the direction of rotation is
defined. According to Hydraulic Institute standards, rotation is defined as clockwise or
counterclockwise by looking at the driven end of a horizontal pump or looking down on a
vertical pump. To avoid misunderstanding, clockwise or counterclockwise rotation should
always be qualified by including the direction from which one looks at the pump.

The terms inboard end or drive end (the end of the pump closest to the driver) and out-
board end or nondrive end (the end of the pump farthest from the driver) are used only
with horizontal pumps. The terms lose their significance with dual-driven pumps. Any
centrifugal pump casing pattern can be arranged for either clockwise or counterclockwise
rotation, except for end-suction pumps, which have integral heads on one side. These
require separate directional patterns.

FIGURE 14 A bottom-suction, axially split casing single-stage pump (Flowserve Corporation)
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Casing Handholes Casing handholes are furnished primarily on pumps handling sewage
and stringy materials that may become lodged on the impeller suction vane edges or on the
tongue of the volute. The holes permit removal of this material without completely disman-
tling the pump. End-suction pumps used primarily for liquids of this type are provided with
handholes or access to the suction side of the impellers. These access points are located on
the suction head or in the suction elbow. Handholes are also provided in drainage, irrigation,
circulating, and supply pumps if foreign matter may become lodged in the waterways. On
very large pumps, manholes provide access to the interior for both cleaning and inspection.

Mechanical Features of Casings Most single-stage centrifugal pumps are intended
for service at moderate pressures and temperatures. As a result, pump manufacturers
usually design a special line of pumps for high operating pressures and temperatures
rather than make their standard line unduly expensive by making it suitable for too wide
a range of operating conditions.

If axially split casings are subject to high pressure, they tend to “breathe” at the split
joint, leading to misalignment of the rotor and, even worse, leakage. For such conditions,
internal and external ribbing is applied to casings at the points subject to the greatest
stress. In addition, whereas most pumps are supported by feet at the bottom of the casing,
high temperatures require centerline support so that, as the pump becomes heated, expan-
sion will not cause misalignment.

Series Units For large-capacity medium-high-head conditions, two single-stage, double-
suction pumps can be connected in a series on one baseplate with a single driver. Such an
arrangement was at one time very common in waterworks applications for heads of 250 to
400 ft (76 to 122 m). One series arrangement uses a double-extended shaft motor in the mid-
dle, driving two pumps connected in a series by external piping. In a second type, a stan-
dard motor is used with one pump having a double-extended shaft. This latter arrangement
may have limited applications because the shaft of the pump next to the motor must be
strong enough to transmit the total pumping horsepower. If the total pressure generated by
such a series unit is relatively high, the casing of the second pump could require ribbing.
Higher heads per stage are becoming more and more common, and series units are gener-
ally used in only very high ranges of total head.

MULTISTAGE PUMP CASINGS

Although the majority of single-stage pumps are of the volute-casing type, both volute and
diffuser casings are used in multistage pump construction. Because a volute casing gives
rise to radial thrust, axially split multistage casings generally have staggered volutes so
that the resultant of the individual radial thrusts is balanced out (see Figures 15 and 16).
Both axially and radially split casings are used for multistage pumps. The choice between
the two designs is dictated by the design pressure, with 2000 1b/in?(138 bar)" being typi-
cal for 3600-rpm axially split casing pumps.

Axially Split Casings Regardless of the arrangement of the stages in the casing, it is
necessary to connect the successive stages of a multistage pump. In the low and medium
pressure and capacity ranges, these interstage passages are cast integrally with the cas-
ing proper (see Figures 17 and 18). As the pressures and capacities increase, the desire to
maintain as small a casing diameter as possible, coupled with the necessity of avoiding
sudden changes in the velocity or the direction of the flow, leads to the use of external
interstage passages cast separately from the pump casing. They are formed in the shape
of a loop, bolted or welded to the casing proper (see Figure 19).

Interstage Construction for Axially Split Casing Pumps A multistage pump inher-
ently has adjoining chambers subjected to different pressures, and means must be made

“lbar = 10°Pa
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FIGURE 15 An arrangement of a multistage volute pump for radial-thrust balance

FIGURE 17 Two-stage axially split casing volute pump for small capacities and pressures up to 450 lb/in?
(31 bar) (Flowserve Corporation)
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FIGURE 18 Two-stage axially split caging volute pump for pressures up to 500 lb/in? (34 bar) (Flowserve
Corporation)

available to isolate these chambers from one another so that the leakage from high to low
pressure will take place only at the clearance joints formed between the stationary and
rotating elements of the pump. Thus, the leakage will be kept to a minimum. The isolating
wall used to separate two adjacent chambers of a multistage pump is called a stage piece,
diaphragm, or interstage diaphragm. The stage piece may be formed of a single piece, or it
may be fitted with a renewable stage piece bushing at the clearance joint between the sta-
tionary stage piece and the part of the rotor immediately inside the former. The stage pieces,
which are usually solid, are assembled on the rotor along with impellers, sleeves, bearings,
and similar components. To prevent the stage pieces from rotating, a locked tongue-and-
groove joint is provided in the lower half of the casing. Clamping the upper casing half to
the lower half securely holds the stage piece and prevents rotation.

The problem of seating a solid stage piece against an axially split casing is one that has
given designers much trouble, First, there is a three-way joint and, second, this seating
must make the joint tight and leakproof under a pressure differential without resorting to
bolting the stage piece directly to the casing.

To overcome this problem, it is wise to make a pump that has a small-diameter casing
so that when the casing bolting is pulled tight, there is a seal fitting of the two casing
halves adjacent to the stage piece. The small diameter likewise helps to eliminate the
possibility of a stage piece cocking and thereby leaving a clearance on the upper-half cas-
ing when it is pulled down. No matter how rigidly the stage piece is located in the lower-
half casing, there must be a sliding fit between the seat face of the stage piece and that in
the upper-half casing so that the upper-half casing can be pulled down. Each stage piece,

FIGURE 19 A two-stage double-suction, axially split volute pump with an external interstage passsage bolted to
the casing (Flowserve Corporation)

LIBERTY EXHIBIT 1017, Page 286



2.262 CHAPTER TWO

furthermore, must be arranged so that the pressure differential developed by the pump
will tend to seat the piece tightly against the casing rather than open up the joint.

We have said that axially split casing pumps are typically used for working pressures
of up to 2000 Ib/in? (138 bar). High-pressure piping systems, of which these pumps form a
part, are inevitably made of steel because this material has the valuable property of yield-
ing without breaking. Considerable piping strains are unavoidable, and these strains, or
at least a part thereof, are transmitted to the pump casing. The latter consists essentially
of a barrel that is split axially, flanged at the split, and fitted with two necks that serve as
inlet and discharge openings. When piping stresses exist, these necks, being the weakest
part of the casing, are in danger of breaking off if they cannot yield. Steel is therefore the
safest material for pump casings whenever the working pressures in the pump are in
excess of 1000 1b/in?(70 bar).

This brings up an important feature in the design of the suction and discharge
flanges. Although raised-face flanges are perfectly satisfactory for steel-casing pumps,
their use is extremely dangerous with cast-iron pumps. This danger arises from the lack
of elasticity in cast iron, which leads to flange breakage when the bolts are being tight-
ened, the fulerum of the bending moment being located inward from the bolt circle. As a
result, it is essential to avoid raised-face flanges with cast-iron casings as well as the use
of a raised-face flange pipe directly against a flat-face cast-iron pump flange. Suction
flanges shouid obviously be suitable for whatever hydrostatic test pressure is applied to
the pump casing.

The location of the pump casing feet is not critical in smaller pumps operating at dis-
charge pressures below 275 lb/in® (19 bar) and at moderate temperatures of up to 300°F
(150°C). Since the unit is relatively small, very little distortion is likely to occur. However,
for larger units operating at higher pressures and temperatures, it is important that the
casing be supported at the horizontal centerline or immediately below the bearings (refer
to Figure 19).

Radially Split Double-Casing Pumps The oldest form of radially split casing multi-
stage pump is commonly called the ring-section, ring-casing, or the doughnut type. When
more than one stage was found necessary to generate higher pressures, two or more sin-
gle-stage units of the prevalent radially split casing type were assembled and bolted
together.

In later designs, the individual stage sections and separate suction and discharge
heads were held together with large throughbolts. These pumps, still an assembly of
bolted-up sections, can present serious dismantling and reassembly problems because suc-
tion and discharge connections have to be broken each time the pump is serviced. The
double-casing pump retains the advantages of the radially split casing design and mini-
mizes the dismantling problem,

The basic principle consists of enclosing the working parts of a multistage centrifugal
pump in an inner casing and building a second casing around this inner casing. The space
between the two casings is maintained at the discharge pressure of the last pump stage.
The construction of the inner casing follows one of two basic principles: (1) axial splitting
(see Figure 20) or (2) radial splitting (see Figure 21).

The double-casing pump with radially split inner casing is an evolution of the ring-
casing pump with added provisions to ease dismantling. The inner unit is generally
constructed exactly as a ring-casing pump. After assembly, it is inserted and bolted
inside a cylindrical casing that supports it and leaves it free to expand under temper-
ature changes. The suction and discharge nozzles form an integral part of the outer
casing, and the internal assembly of the pump can be withdrawn without disturbing
the piping connections.

Hydrostatic Pressure Tests It is standard practice for the manufacturer to conduct
hydrostatic tests for the parts of a pump that contain fluid under pressure. This means
that the pump casing and, where applicable, parts like suction or casing covers are assem-
bled with the internal parts, removed, and are then subjected to a hydrostatic test,
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FIGURE 20 Double-casing multistage pump with axially split inner casing (Flowserve Corporation)

generally for a minimum of 30 min. Such a test demonstrates that the casing contain-
ment is sound and that there is no leakage of fluid to the exterior.

Additional tests may be conducted by the pump manufacturer to determine the
soundness of internal partitions separating areas of the pump operating under different
pressures.

The definition of the applicable hydrostatic pressure for these tests varies. The most
generally accepted definition is that given by the Hydraulic Institute Standards. Each part

FIGURE 21 Double-casing multistage pump with radially split inner casing (Flowserve Corporation)
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of the pump that contains fluid under pressure shall be capable of withstanding a hydro-
static test at not less than the greatest of the following:

* 150% of the pressure that will occur in that part when the pump is operated at rated
conditions for the given application of the pump, except thermoset parts

* 125% of the pressure that would occur in that part when the pump is operating at rated
speed for a given application, but with the pump discharge valve closed

IMPELLERS

In a single-suction impeller, the liquid enters the suction eye on one side only. A double-
suction impeller is, in effect, two single-suction impellers arranged back to back in a sin-
gle casing. The liquid enters the impeller simultaneously from both sides, while the two
casing suction passageways are connected to a common suction passage and a single suc-
tion nozzle,

For the general service single-stage, axially split casing design, a double-suction
impeller is favored because it is theoretically in an axial hydraulic balance and because
the greater suction area of a double-suction impeller permits the pump to operate with
less net absolute suction head. For small units, the single-suction impeller is more prac-
tical for manufacturing reasons, as the waterways are not divided into two very narrow
passages. It is also sometimes preferred for structural reasons. End-suction pumps with
single-suction overhung impellers have both first-cost and maintenance advantages
unobtainable with double-suction impellers. Most radially split casing pumps therefore
use single-suction impellers. Because an overhung impeller does not require the exten-
sion of a shaft into the impeller suction eye, single-suction impellers are preferred for
pumps handling suspended matter, such as sewage. In multistage pumps, single-suction
impellers are almost universally used because of the design and first-cost complexity that
double-suction staging introduces,

Impellers are called radial vane or radial flow when the liquid pumped is made to dis-
charge radially to the periphery. Impellers of this type usually have a specific speed below
4200 (2600 if single-suction and below 6000 (3700) if double-suction. Specific speed is dis-
cussed in detail in Section 2.1.3. The units for specific speed used here are in USCS rpm,
gallons per minute, and feet. In SI, they are rpm, liters per second, and meters. Impellers
can also be classified by the shape and form of their vanes:

¢ The straight-vane impeller (see Figures 22, 30, 31, 32, and 33)

® The Francis-vane or screw-vane impeller (see Figures 23 and 24)
¢ The mixed-flow impeller (see Figure 25)

¢ The propeller or axial-flow impeller (see Figure 26)

In a straight-vane radial impeller, the vane surfaces are generated by straight lines
parallel to the axis of rotation. These are also called single-curvature vanes. The vane sur-
faces of a Francis-vane radial impeller have a double curvature. An impeller design that
has both a radial-flow and an axial-flow component is called a mixed-flow impeller. It is
generally restricted to single-suction designs with a specific speed above 4200 (2600).
Types with lower specific speeds are called Francis-vane impellers, Mixed-flow impellers
with a small radial-flow component are usually referred to as propellers. In a true pro-
peller, or axial-flow impeller, the flow strictly parallels the axis of rotation. In other words,
it moves only axially.

An inducer is a low-head, axial-flow impeller with few blades that is placed in front of
a conventional impeller. The hydraulic characteristics of an inducer are such that it
requires considerably less NPSH than a conventional impeller. Both inducer and impeller
are mounted on the same shaft and rotate at the same speed (see Figure 27). The main
purpose of the inducer is not to generate an appreciable portion of the total pump head,
but to increase the suction pressure to a conventional impeller. Inducers are therefore used
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FIGURE 22 Straight-vane, radial, single-suction closed impeller (Flowserve Corporation)

FIGURE 23 Francis vane, radial, closed impeller FIGURE 24 Medium specific speed, Francis vane
{Flowserve Corporation) radial impeller (Flowserve Corporation)

FIGURE 26 Open mixed-flow impeller (Flowserve FIGURE 28 Axial-flow impeller (Flowserve
Corporation) Corporation)
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FIGURE 27 A centrifugal pump with a conventional impeller preceded by an inducer (Flowserve Corporation}

to reduce the NPSH requirements of a given pump or to permit the pump to operate at
higher speeds with a given available NPSH. For a further discussion of inducers, see Sec-
tion 2.1 and Section 2.1.3.

The relation of single-suction impeller profiles to specific speed is shown in Figure 28.
The classification of impellers according to their vane shape is naturally arbitrary inas-
much as there is much overlapping in the types of impellers used in the different types of
pumps. For example, impellers in single- and double-suction pumps of low specific speeds
have vanes extending across the suction eye. This provides a mixed flow at the impeller
entrance for low pickup losses at high rotative speeds but enables the discharge portion of
the impeller to use the straight-vane principle. In pumps of higher specific speed operat-
ing against low beads, impellers have double-curvature vanes extending over the full vane
surface. They are therefore full Francis-type impellers. The mixed-flow impeller, usually a
single-suction type, is essentially one-half of a double-suction, high-specific-speed, Francis-
vane impeller.

In addition, many impellers are designed for specific applications. For instance, the
conventional impeller design with sharp vane edges and restricted areas is not suitable for
handling liquids containing rags, stringy materials, and solids like sewage because it will
become clogged. Special nonclogging impellers with blunt edges and large waterways have
been developed for such services (see Figure 29). For pumps up to the 12- to 16-in (305- to
406-mm) discharge size, these impellers have only two vanes. Larger pumps normally use
three or four vanes.

Impeller Mechanical Types Mechanical design also determines impeller classification.
Accordingly, impellers may be completely open, semiopen, or closed.

Strictly speaking, an open impeller (see Figure 28) consists of nothing but vanes
attached to a central hub for mounting on the shaft without any form of sidewall or
shroud. The disadvantage of this impeller is structural weakness. If the vanes are long,
they must be strengthened by ribs or a partial shroud. Generally, open impellers are used
in small, low-energy pumps. One advantage of open impellers is that they are better suited
for handling liquids containing stringy materials. It is also sometimes claimed that they
are better suited for handling liquids containing suspended matter because the solids in
such matter are more likely to be clogged in the space between the rotating shrouds of a
closed impeller and the stationary casing walls. It has been demonstrated, however, that
closed impellers do not clog easily, thus disproving the claim for the superiority of the
open-impeller design. In addition, the open impeller is much more sensitive to wear than
the closed impeller and therefore its efficiency may deteriorate rather rapidly.

The open impeller rotates between two side plates, between the casing walls of the
volute, or between the casing cover and the suction head. The clearance between the
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FIGURE 29 Phantom view of a radial-vane FIGURE 80 Barske-type radial multiple-vane ocpen

nonclogging impeller (Flowserve Corporation) impeller with multiple balance holes to reduce axial
pressure unbalance (axial thrust) (Flowserve
Corporation)

impeller vanes and the sidewalls enables a certain amount of water slippage. This slippage
increases as wear increases. To restore the original efficiency, both the impeller and the
side plate(s) must be replaced. This, incidentally, involves a much larger expense than
would be entailed in closed impeller pumps where simple rings form the leakage joint.

The semiopen impeller (see Figures 30 through 33) incorporates a single shroud, usu-
ally at the back of the impeller. This shroud may or may not have pump-out vanes, which
are vanes located at the back of the impeller shroud. This function reduces the pressure at
the back hub of the impeller and prevents foreign matter from lodging in back of the
impeller that would interfere with the proper operation of the pump and the seal chamber.
The back shrouds may also be scalloped or relieved with balance holes through them (see
Figure 33) to reduce axial unbalance.

The closed impeller (refer to Figures 22 through 24), which is almost universally used
in centrifugal pumps handling clear liquids, incorporates shrouds or sidewalls that totally
enclose the impeller waterways from the suction eye to the periphery. Although this design
prevents the liquid slippage that occurs between an open or semiopen impeller and its side
plates, a running joint must be provided between the impeller and the casing to separate
the discharge and suction chambers of the pump. This running joint is usually formed by
a relatively short cylindrical surface on the impeller shroud that rotates within a slightly
larger stationary cylindrical surface. If one or both surfaces are made renewable, the leak-
age joint can be repaired when wear causes excessive leakage.

If the pump shaft terminates at the impeller so that the latter is supported by bearings
on one side, the impeller is called an overhung impeller. This type of construction is the
best for end-suction pumps with single-suction impellers.

Impeller Nomenclature The inlet of an impeller just before the section where the vanes
begin is called the suction eye (see Figure 34). In a closed-impeller pump, the suction eye

FIGURE 32 Open impeller with scalloped back
FIGURE 31 Radial vane open impeller (Flowserve shroud walls to reduce axial pressure unbalance
Corporation) (Flowserve Corporation)
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(a) (b)

FIGURE 33 Semiopen reversed vane impeller with partially scalloped shroud - (a) back side has clese running
clearance to wear plate; (b) front side, showing entrance to back side, vane inlet edges and balance holes (Flowserve
Corporation)

diameter is taken as the smallest inside diameter of the shroud. In determining the area
of the suction eye, the area occupied by the impeller shaft hub is deducted.

The hub is the central part of the impeller that is bored out to receive the pump shaft.
The term, however, is algo frequently used for the part of the impeller that rotates in the
casing fit or in the casing wearing ring. It is then referred to as the outer impeller hub or
the wearing-ring hub of the shroud.

WEARING RINGS

Wearing rings provide an easily and economically renewable leakage joint between the
impeller and the casing. A leakage joint without renewable parts is illustrated in Figure 39.
To restore the original clearances of such a joint after wear occurs, the user must either (1)
build up the worn surfaces by welding or metal spraying, or (2} buy new parts.
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FIGURE 34 Parts of a double-suction impeller
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FIGURE 35 A plain flat leakage joint with no rings FIGURE 36 A single flat casing ring construction

The new parts are not very costly in small pumps, especially if the stationary casing
element is a simple suction cover. This is not true for larger pumps or where the station-
ary element of the leakage joint is part of a complicated casting. If the first cost of a pump
is of prime importance, it is more economical to provide for remachining both the station-
ary parts and the impeller. Renewable casing and impeller rings can then be installed (see
Figures 36, 37, and 38). The nomenclature for the casing or stationary part forming the
leakage joint surface is as follows: (1) casing ring (if mounted in the casing), (2) casing ring
or suction head ring (if mounted in a suction cover or head), and (3) casing cover ring or
head ring (if mounted in the casing cover or head). Some engineers like to identify the part
further by adding the word wearing, such as casing wearing ring. A renewable part for the
impeller wearing surface is called the impeller ring. Pumps with both stationary and
rotating rings are said to have double-ring construction.

Wearing Ring Types Various types of wearing-ring designs, and the selection of the
most desirable type depends on the liquid being handled, the pressure differential across
the leakage joint, the rubbing speed, and the particular pump design. In general, cen-
trifugal pump designers use the ring construction that they have found to be most suit-
able for each particular pump service.

The most common ring constructions are the flat type (see Figures 36 and 37) and the
L type. The leakage joint in the former is a straight, annular clearance. In the L-type ring
(see Figure 39), the axial clearance between the impeller and the casing ring is large, so the
velocity of the liquid flowing into the stream entering the suction eye of the impeller is low.
The L-type casing rings shown in Figures 39 and 40 have the additional function of guid-
ing the liquid into the impeller eye; they are called nozzle rings. Impeller rings of the L type
shown in Figure 40 also furnish protection for the face of the impeller wearing-ring hub.

IMPELLER
SUCTION RING
HEAD
IMP
RING ELLER
RELIEF
SUCTION CEI:IMBER CASING
HEAD \
CASING RING—=
61\ IMPELLER RING
QV
FuoW
IMPELLER
— FIGURE 38 A step-type leakage joint with double
FIGURE 37 A double flat ring construction rings
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FIGURE 392 An L-type nozzle casing ring

Some designers favor labyrinth-type rings (see Figures 41 and 42) that have two or
more annular leakage joints connected by relief chambers. In leakage joints involving a
single unbroken path, the flow is a function of both the area and the length of the joint as
well as of the pressure differential across the joint. If the path is broken by relief chambers
(Figures 38, 41, and 42), the velocity energy in the jet is dissipated in each relief chamber,
increasing the resistance. As a result, with several relief chambers and several leakage
joints for the same actual flow through the joint, the area and hence the clearance between
the rings can be greater than for an unbroken, shorter leakage joint,

The single labyrinth ring with only one relief chamber (refer to Figure 41) is often
called an intermeshing ring. The step-ring type (refer to Figure 38) utilizes two flat-ring
elements of slightly different diameters over the total leakage joint width with a relief
chamber between the two elements. Other ring designs also use some form of relief chamber.
For example, one commonly used in small pumps has a flat joint similar to that in Figure 40,
but with one surface broken by a number of grooves. These act as relief chambers to dis-
sipate the jet velocity head, thereby increasing the resistance through the joint and
decreasing the leakage.

For raw water pumps in waterworks service and for larger pumps in sewage services in
which the liquid contains sand and grit, water-flushed rings have been used (see Figure 43).
Clear water under a pressure greater than that on the discharge side of the rings is piped
to the inlet and distributed by the cored passage, the holes through the stationary ring,
and the groove to the leakage joint. Ideally, the clear water should fill the leakage joint
with some flow to the suction and discharge sides to prevent any sand or grit from getting
into the clearance space. Wearing-ring flush is also employed in some process pumps when
pumping solids or abrasives to minimize ring wear by injecting a compatible clean liquid
between the rings.

In large pumps (with roughly a 36-in [900-mm)] or larger discharge size), particularly
vertical, end-suction, single-stage volute pumps, size alone permits some refinements not
found in smaller pumps. One example is the inclusion of inspection ports for measuring
ring clearance (see Figure 44). These ports can be used to check the impeller centering after
the original installation as well as to observe ring wear without dismantling the pump.

CASING CASING RING

IMPELLER

IMPELLER
RING

— -
FIGURE 40 Double rings, both of L type
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FIGURE 41 A single-labyrinth, intermeshing type. It is a double-ring construction with a nozzle-type casing ring
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FIGURE 42 Labyrinth-type rings in a double-ring construction
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FIGURE 44 Wearing ring with an inspection port for

FIGURE 43 Water-flushed wearing ring checking clearance
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FIGURE 456 Dam-type ring construction

The lower rings of large vertical pumps handling liquids containing sand and grit in
intermittent services are highly susceptible to wear. During shutdown periods, the grit
and sand settle out and naturally accumulate in the region where these rings are
installed, as it is the lowest point on the discharge side of the pump. When the pump is
started again, this foreign matter is washed into the joint all at once and causes wear. To
prevent this action in medium and large pumps, a dam-type ring is often used (see Figure
49), Periodically, the pocket on the discharge side of the dam can be flushed out.

One problem with the simple water-flushed ring is the failure to get uniform pres-
sure in the stationary ring groove. If pump size and design permit, two sets of wearing
rings arranged in tandem and separated by a large water space (see Figure 46) provide
the best solution. The large water space enables a uniform distribution of the flushing
water to the full 360° of each leakage joint. Because ring 2 is shorter and because a
greater clearance is used there than at ring 1, equal flow can take place to the discharge
pressure side and to the suction pressure side. This design also makes it easier to harden
or coat the surfaces.

For pumps handling gritty or sandy water, the ring construction should provide an
apron on which the stream leaving the leakage joint can impinge, as sand or grit in the jet
will erode any surface it hits. Thus, a form of L-type casing ring similar to that shown in
Figure 45 should be used.

Wearing-Ring Location In some designs, leakage is controlled by an axial clearance
(see Figure 47). Generally, this design requires a means of adjusting the shaft position for

SUCTION HEAD
RiNG NO. 2

IMPELLER FULL CIRCLE
CHAMBER

\sucﬂou HEAD

61"PIPE TAPS FOR
RING NO 1

RING FLUSHING

FIGURE 468 Two sets of rings with space between for flushing water (Flowserve Corporation)
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FIGURE 47 A leakage joint with axial clearance

proper clearance. Then, if uniform wear occurs over the two surfaces, the original clear-
ance can be restored by adjusting the position of the impeller. A limit exists to the amount
of wear that can be compensated, because the impeller must be nearly central in the cas-
ing waterways.

Leakage joints with axial clearance are not popular for double-suction pumps because
a very close tolerance is required in machining the fit of the rings in reference to the cen-
terline of the volute waterways. Joints with radial clearances, however, enable some shift-
ing of the impeller for centering. The only adverse effect is a slight inequality in the
lengths of the leakage paths on the two sides.

So far, this discussion has treated only those leakage joints located adjacent to the
impeller eye or at the smallest outside shroud diameter, Designs have been made where
the leakage joint is at the periphery of the impeller. In a vertical pump, this design is
advantageous because the space between the joint and the suction waterways is open and
so sand or grit cannot collect. Because of rubbing speed and because the impeller diame-
ters used in the same casing vary over a wide range, the design is impractical in regular
pump lines.

Mounting Stationary Wearing Rings In small single-suction pumps with suction
heads, a stationary wearing ring is usually pressed into a bore in the head and may or
may not be further locked by several set screws located half in the head and half in the
ring (refer to Figure 37). Larger pumps often use an L-type ring with the flange held
against a face on the head. In axially split casing pumps, the cylindrical casing bore (in
which the casing ring will be mounted) should be slightly larger than the outside diame-
ter of the ring. Unless some clearance is provided, distortion of the ring may occur when
the two casing halves are assembled. However, the joint between the casing ring and the
casing must be tight enough to prevent leakage. This is usually provided by a radial metal-
to-metal joint (refer to Figure 39) arranged so that the discharge pressure presses the ring
against the casing surface.

As it is not desirable for the casing ring of an axially split casing pump to be pinched
by the casing, the ring will not be held tightly enough to prevent its rotation unless spe-
cial provisions are made to keep it in place. One means of accomplishing this is to place a
pin in the casing that will project into a hole bored in the ring or, conversely, to provide a
pin in the ring that will fit into a hole bored in the casing or into a recess at the casing
split joint.

Another method is to have a tongue on the casing ring that extends around 180° and
engages a corresponding groove in one-half of the casing. This method can be used with
casing rings having a central flange by making the diameter of the flange larger for 180°
and cutting a deeper groove in that half of the casing.

Many methods are used for holding impeller rings on the impeller. Probably the sim-
plest is to rely on a press fit of the ring on the impeller or, if the ring is of proper material,
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on a shrink fit. Designers do not usually feel that a press fit is sufficient and often add sev-
eral machine screws or set screws located half in the ring and half in the impeller, as in
Figure 37.

An alternative to axial machine screws being located half in the ring and half in the
impeller is the radial pin, which goes through the center of the ring into the impeller (or
from the inside of the impeller eye outward into the ring). This pinning method avoids hav-
ing to drill and tap holes half in a hardened wearing ring and half in a softer impeller hub.
For higher speeds, installing the radial pins from the inside of the impeller eye outward
into the wearing ring captures the pins and protects against pin loss, especially at higher
operating speeds. Generally, some additional locking method is used rather than relying
solely on friction between the ring and the impeller.

In the design of impeller rings, consideration has to be given to the stretch of the ring
caused by centrifugal force, especially if the pump is of a high-speed design for the capac-
ity involved. For example, some pumps operate at speeds that would cause the rings to
become loose if only a press fit is used. For such pumps, shrink fits should be used or,
preferably, impeller rings should be eliminated.

Wearing-Ring Clearances Typical clearance and tolerance standards for nongalling
wearing-joint metals in general service pumps are shown in Figure 48. They apply to the
following combinations: (1) bronze with a dissimilar bronze, (2) cast-iron with bronze, (3)
steel with bronze, (4) Monel metal with bronze, and (5) cast-iron with cast iron. If the met-
als gall easily (like the chrome steels), the values given should be increased by 0.002 to
0.004 in.

The tolerance indicated is positive for the casing ring and negative for the impeller hub
or impeller ring.

In a single-stage pump with a joint of nongalling components, the correct machining
dimension for a casing-ring diameter of 9.000 in would be 9.000 plus 0.003 and minus
0.000 in. For the impeller hub or ring, the values would be 9.000 minus 0.018 (or 8.982)
plus 0.000 and minus 0.003 in. Diametral clearances would be between 0.018 and 0.024 in.
Obviously, clearances and tolerances are not translated into SI units by merely using con-
version multipliers; they are rounded off as they are in the USCS system, The SI values
for the previous USCS examples given are outlined here.
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FIGURE 48 Wearing-ring clearances for single-stage pumps using nongalling materials
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For a single-stage pump with a casing ring diameter of 230 mm, the machining dimen-
sions would be as follows:

Casing ring 230 plus 0.08 and minus 0.00 mm
Impeller hub 230 minus 0.50 (228.5) plus 0.00 and minus 0.08 mm
Diametral clearances Between 0.50 and 0.66 mm

Naturally, the manufacturer’s recommendation for ring clearances and tolerances
should be followed.

AXIAL THRUST

Axial Thrust in Single-Stage Pumps with Closed Impellers The pressures generated
by a centrifugal pump exert forces on both stationary and rotating parts. The design of
these parts balances some of these forces, but separate means may be required to coun-
terbalance others.

An axial hydraulic thrust on an impeller is the sum of the unbalanced forces acting in
the axial direction. Because reliable, large-capacity thrust bearings are readily available,
an axial thrust in single-stage pumps remains a problem only in larger, higher speed
units. Theoretically, a double-suction impeller is in hydraulic axial balance, with the pres-
sures on one side equal to and counterbalancing the pressures on the other (see Figure 49).
In practice, this balance may not be achieved for the following reasons:

1. The suction passages to the two suction eyes may not provide equal or uniform flows
to the two sides.

2. External conditions, such as an elbow located too close to the pump suction nozzle,
may cause unequal flow to the two suction eyes.

8. The two sides of the discharge casing waterways may not be symmetrical, or the
impeller may be located off-center. These conditions will alter the flow characteristics
between the impeller shrouds and the casing, causing unequal pressures on the shrouds.

4. Unequal leakage through the two leakage joints can upset the balance.

Combined, these factors can create an axial unbalance. To compensate for this, all cen-
trifugal pumps, even those with double-suction impellers, incorporate thrust bearings.

The ordinary single-suction, closed, radial-flow impeller with the shaft passing
through the impeller eye (refer to Figure 49) is subject to an axial thrust because a por-
tion of the front wall is exposed to suction pressure and thus relatively more backwall
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FIGURE 48 The origin of pressures acting on impeller shrouds to produce an axial thrust
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FIGURE 50 Pressure distribution on the front and back shrouds of the single-suction impeller with a shaft
through the impeller eye

surface is exposed to discharge pressure. If the discharge chamber pressure is uniform
over the entire impeller surface, the axial force acting toward the suction would be equal
to the product of the net pressure generated by the impeller and the unbalanced annu-
lar area.

Actually, pressure on the two single-suction, closed impeller walls is not uniform. The
liquid trapped between the impeller shrouds and casing walls is in rotation, and the pres-
sure at the impeller periphery is appreciably higher than the impeller hub. Although we
need not be concerned with the theoretical calculations for this pressure variation, Figure
50 describes it qualitatively. Generally speaking, the axial thrust toward the impeller
suction may be about 20 to 30% less than the product of the net pressure and the unbal-
anced area.

To eliminate the axial thrust of a single-suction impeller, a pump can be provided with
both front and back wearing rings. To equalize the thrust areas, the inner diameter of both
rings is made the same (see Figure 51). Pressure approximately equal to the suction pres-
sure is maintained in a chamber located on the impeller side of the back wearing ring by
drilling balancing holes through the impeller. Leakage past the back wearing ring is
returned to the suction area through these holes. However, with large single-stage, single-
suction pumps, balancing holes are considered undesirable because leakage back to the
impeller suction opposes the main flow, creating disturbances. In such pumps, a piped con-
nection to the pump suction replaces the balancing holes.

Another way to eliminate or reduce an axial thrust in single-suction impellers is to use
pump-out vanes on the back shroud. The effect of these vanes is to reduce the pressure
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FIGURE 51 Balancing the axial thrust of a single-suction impeller by means of wearing rings on the back side
and balancing holes
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FIGURE 52 Pump-out vanes used in a single-suction impeller to reduce axial thrust

acting on the back shroud of the impeller (see Figure 52). This design, however, is gener-
ally used only in pumps handling dirty liquids where it keeps the clearance space between
the impeller back shroud and the casing free of foreign matter.

So far, our discussion of axial thrust has been limited to single-suction, closed impellers
with a shaft passing through the impeller eye that are located in pumps with two seal
chambers, one on either side of the impeller, In these pumps, suction-pressure magnitude
does not affect the resulting axial thrust.

On the other hand, axial forces acting on an overhung impeller with a single seal cham-
ber (see Figure 53) are definitely affected by suction pressure. In addition to the unbal-
anced force found in a single-suction, two-seal chamber design (refer to Figure 50), there
is an axial force equivalent to the product of the shaft area through the seal chamber and
the difference between suction and atmospheric pressure. This force acts toward the
impeller suction when the suction pressure is less than atmospheric or in the opposite
direction when it is higher than atmospheric.

When an overhung impeller pump handles a suction lift, the additional axial force is
very low. For example, if the shaft diameter through the stuffing box is 2 in (50.8 mm)
(area = 3.14 in? or 20.26 cm?), and if the suction lift is 20 ft (6.1 m) of water equivalent to
an absolute pressure of 6.06 1b/in?(0.42 bar abs), the axial force caused by the overhung
impeller and acting toward the suction will be only 27 1b (121 N). On the other hand, if the
suction pressure is 100 Ib/in? (6.89 bar), the force will be 314 1b (1405 N) and will act in the
opposite direction. Therefore, because the same pump may be used under many conditions
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FIGURE 53 An axial thrust problem with a single-suction, overhung impeller and a single stuffing box or seal
chamber
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over a wide range of suction pressures, the thrust bearing of pumps with single-suction,
overhung impellers must be arranged to take the thrust in either direction. They must
also be selected with a sufficient thrust capacity to counteract forces set up under the max-
imum suction pressure established for that particular pump.

This extra thrust capacity can become quite significant in certain special cases, such
as with boiler circulating pumps. These are usually of the single-suction, single-stage,
overhung impeller type and may be exposed to suction pressures as high as 2800 lb/in?
gage (193 bar). This is approximately the vapor pressure of 685°F (363°C) boiler water.
If such a pump has a shaft diameter of 6 in (15.24 c¢m), the unbalanced thrust would be
as much as 77,500 1b (346,770 N), and the thrust bearing has to be capable of counter-
acting this.

Axial Thrust of Single-Suction Semiopen Radial-Flow Impellers The axial thrust
generated in semiopen impellers is higher than that in closed impellers. This is illus-
trated in Figure 58, which shows that the pressure on the open side of the impeller varies
from essentially the discharge pressure at the periphery (at diameter D,) to the suction
pressure at the impeller eye (at diameter D,). The pressure distribution on the back
shroud is essentially the same as that illustrated in Figure 50, varying from discharge
pressure at the periphery to some portion of this pressure at the impeller hub, This lat-
ter pressure is, of course, substantially higher than the suction pressure. The unbalanced
portion of the axial thrust on the impeller is represented by the cross-hatched area in
Figure 54.

One of the means available for partially balancing this increased axial thrust is to pro-
vide the back shroud with pump-out vanes, as in Figure 52,

Fully open impellers or semiopen impellers with a portion of the back shroud removed
produce an axial thrust somewhat higher than closed impellers and somewhat lower than
semiopen impellers.

Axial Thrust of Mixed-Flow and Axial-Flow Impellers The axial thrust in radial im-
pellers is produced by the static pressures on the impeller shrouds. Axial-flow impellers
have no shrouds, and the axial thrust is created strictly by the difference in pressure on
the two faces of the impeller vanes. In addition, a difference may exist in pressure acting
on the two shaft hub ends, one generally subject to discharge pressure and the other to
suction pressure.

With mixed-flow impellers, axial thrust is a combination of forces caused by the action
of the vanes on the liquid and those arising from the difference in the pressures acting on
the various surfaces. Wearing rings are often provided on the back of mixed-flow impellers,
with either balancing holes through the impeller hub or an external balancing pipe lead-
ing back to the suction.

Except for very large units and in certain special applications, the axial thrust devel-
oped by mixed-flow and axial-flow impellers is carried by thrust bearings with the neces-
sary load capacity.

7

FIGURE 54 Axial thrust in a semiopen single-suction impeller
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FIGURE 55 Multistage pump with single-suction impellers facing in one direction and hydraulie balancing
device (Flowserve Corporation)

Axial-Thrust in Multistage Pumps Most multistage pumps are built with single-suction
impellers in order to simplify the design of the interstage connections. Two obvious arrange-
ments are possible for the single-suction impellers:

1. Several single-suction impellers can be mounted on one shaft, each having its suction
inlet facing in the same direction and its stages following one another in ascending
order of pressure (see Figure 55). The axial thrust is then balanced by a hydraulic
balancing device.

2. An even number of single-suction impellers can be used, one-half facing in one
direction and the other half facing in the opposite direction. With this arrangement,
an axial thrust on the first half is compensated by the thrust in the opposite direction
on the other half (see Figure 56). This mounting of single-suction impellers back to
back is frequently called opposed impellers.

An uneven number of single-suction impellers can be used with this arrangement, pro-
vided the correct shaft and interstage bushing diameters are used to give the effect of a
hydraulic balancing device that will compensate for the hydraulic thrust on one of the stages.

OPPOSED IMPELLERS
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FIGURE 568 A four-stage pump with opposed impellers (Flowserve Corporation}
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It is important to note that the opposed impeller arrangement completely balances an
axial thrust only under the following conditions:

¢ The pump must be provided with two seal chambers.
o The shaft must have a constant diameter.

o The impeller hubs must not extend through the interstage portion of the casing
separating adjacent stages.

Except for some special pumps that have an internal and enclosed bearing at one end,
and therefore only one seal chamber, most multistage pumps fulfill the first condition.
Because of structural requirements, however, the last two conditions are not practical. A
slight residual thrust is usually present in multistage opposed impeller pumps and is car-
ried on the thrust bearing.

HYDRAULIC BALANCING DEVICES

If all the single-suction impellers of a multistage pump face the same direction, the total
theoretical hydraulic axial thrust acting toward the suction end of the pump will be the
sum of the individual impeller thrusts, The thrust magnitude will be approximately equal
to the product of the net pump pressure and the annular unbalanced area. Actually, the
axial thrust turns out to be about 70 to 80% of this theoretical value.

Some form of hydraulic balancing device must be used to balance this axial thrust and
to reduce the pressure on the seal chamber adjacent to the last-stage impeller. This
hydraulic balancing device may be a balancing drum, a balancing disk, or a combination
of the two.

Balancing Drums The balancing drum is illustrated in Figure 57. The balancing cham-
ber at the back of the last-stage impeller is separated from the pump interior by a drum
that is usually keyed to the shaft and rotates with it. The drum is separated by a small
radial clearance from the stationary portion of the balancing device, called the balancing-
drum head, or balancing sleeve, which is fixed to the pump casing.

The balancing chamber is connected either to the pump suction or to the vessel from
which the pump takes its suction. Thus, the back pressure in the balancing chamber is
only slightly higher than the suction pressure, the difference between the two being equal
to the friction losses between this chamber and the point of return. The leakage between
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FIGURE 57 Balancing drum
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the drum and the drum head is, of course, a function of the differential pressure across the
drum and of the clearance area.
The forces acting on the balancing drum in Figure 57 are the following:

o Toward the discharge end: the discharge pressure multiplied by the front balancing area
(area B) of the drum

e Toward the suction end: the back pressure in the balancing chamber multiplied by the
back balancing area {(area C) of the drum

The first force is greater than the second, thereby counterbalancing the axial thrust
exerted upon the single-suction impellers. The drum diameter can be selected to balance
the axial thrust completely or within 90 to 95%, depending on the desirability of carrying
any thrust-bearing loads.

It has been assumed in the preceding simplified description that the pressure acting
on the impeller walls is constant over their entire surface and that the axial thrust is
equal to the product of the total net pressure generated and the unbalanced area. Actu-
ally, this pressure varies somewhat in the radial direction because of the centrifugal
force exerted upon the liquid by the outer impeller shroud (refer to Figure 50). Fur-
thermore, the pressures at two corresponding points on the opposite impeller faces (D
and E in Figure 57) may not be equal because of a variation in clearance between the
impeller wall and the casing section separating successive stages. Finally, a pressure
distribution over the impeller wall surface may vary with head and capacity operating
conditions.

This pressure distribution and design data can be determined quite accurately for
any one fixed operating condition, and an effective balancing drum could be designed
on the basis of the forces resulting from this pressure distribution. Unfortunately,
varying head and capacity conditions change the pressure distribution, and as the
area of the balancing drum is necessarily fixed, the equilibrium of the axial forces can
be destroyed.

The objection to this is not primarily the amount of the thrust, but rather that the
direction of the thrust cannot be predetermined because of the uncertainty about internal
pressures. Still it is advisable to predetermine normal thrust direction, as this can influ-
ence external mechanical thrust-bearing design. Because 100% balance is unattainable in
practice and because the slight but predictable unbalance can be carried on a thrust bear-
ing, the balancing drum is often designed to balance only 90 to 95% of the total impeller
thrust.

The balancing drum satisfactorily balances the axial thrust of single-suction impellers
and reduces pressure on the discharge-side stuffing box. It lacks, however, the virtue of
automatic compensation for any changes in axial thrust caused by varying impeller reac-
tion characteristics. In effect, if the axial thrust and balancing drum forces become
unequal, the rotating element will tend to move in the direction of the greater force. The
thrust bearing must then prevent excessive movement of the rotating element. The bal-
ancing drum performs no restoring function until such time as the drum force again
equals the axial thrust. This automatic compensation is the major feature that differenti-
ates the balancing disk from the balancing drum.

Balancing Disks The operation of the simple balancing disk is illustrated in Figure 58.
The disk is fixed to and rotates with the shaft. It is separated by a small axial clearance
from the balancing disk head, or balancing sleeve, which is fixed to the casing. The leak-
age through this clearance flows into the balancing chamber and from there either to the
pump suction or to the vessel from which the pump takes its suction. The back of the bal-
ancing disk is subject to the balancing chamber back pressure, whereas the disk face expe-
riences a range of pressures. These vary from discharge pressure at its smallest diameter
to back pressure at its periphery. The inner and outer disk diameters are chosen so that
the difference between the total force acting on the disk face and that acting on its back
will balance the impeller axial thrust.

If the axial thrust of the impellers should exceed the thrust acting on the disk during
operation, the latter is moved toward the disk head, reducing the axial clearance between
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FIGURE 58 A simple balancing disk

the disk and the disk head. The amount of leakage through the clearance is reduced so
that the friction losses in the leakage return line are also reduced, lowering the back pres-
sure in the balancing chamber. This lowering of pressure automatically increases the pres-
sure difference acting on the disk and moves it away from the disk head, increasing the
clearance. Now the pressure builds up in the balancing chamber, and the disk is again
moved toward the disk head until an equilibrium is reached.

To assure proper balancing in disk operation, the change in back pressure in the bal-
ancing chamber must be of an appreciable magnitude. Thus, with the balancing disk wide
open with respect to the disk head, the back pressure must be substantially higher than
the suction pressure to give a resultant force that restores the normal disk position. This
can be accomplished by introducing a restricting orifice in the leakage return line that
increases back pressure when leakage past the disk increases beyond normal. The disad-
vantage of this arrangement is that the pressure on the seal chamber is variable, a condi-
tion that may be injurious to the life of the seal and therefore should avoided.

Combination Balancing Disk and Drum For the reasons just described, the simple
balancing disk is seldom used. The combination balancing disk and drum (see Figure 59)
was developed to obviate the shortcomings of the disk while retaining the advantage of
automatic compensation for axial thrust changes.

The rotating portion of this balancing device consists of a long cylindrical body that
turns within a drum portion of the disk head. This rotating part incorporates a disk simi-
lar to the one previously described. In this design, radial clearance remains constant
regardless of disk position, whereas the axial clearance varies with the pump rotor posi-
tion. The following forces act on this device:

* Toward the discharge end: the sum of the discharge pressure multiplied by area A, plus
the average intermediate pressure multiplied by area B

® Toward the suction end: the back pressure multiplied by area C

Whereas the position-restoring feature of the simple balancing disk required an unde-

sirably wide variation of the back pressure, it is now possible to depend upon a variation

of the intermediate pressure to achieve the same effect. Here is how it works: When the

pump rotor moves toward the suction end (to the left in Figure 59) because of increased

axial thrust, the axial clearance is reduced and pressure builds up in the intermediate
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FIGURE 59 A combination balancing disk and drum

relief chamber, increasing the average value of the intermediate pressure acting on area
B. In other words, with reduced leakage, the pressure drop across the radial clearance
decreases, increasing the pressure drop across the axial clearance. The increase in inter-
mediate pressure forces the balancing disk toward the discharge end until equilibrium is
reached. Movement of the pump rotor toward the discharge end would have the opposite
effect, increasing the axial clearance and the leakage and decreasing the intermediate
pressure acting on area B.

Now numerous hydraulic balancing device modifications are in use. One typical design
separates the drum portion of a combination device into two halves, one preceding and the
second following the disk (see Figure 60). The virtue of this arrangement is a definite cush-
ioning effect at the intermediate relief chamber, thus avoiding too positive a restoring
action, which might result in the contacting and scoring of the disk faces.

SHAFTS AND SHAFT SLEEVES

The basic function of a centrifugal pump shaft is to transmit the torques encountered
when starting and during operation while supporting the impeller and other rotating
parts. It must do this job with a deflection less than the minimum clearance between rotat-
ing and stationary parts. The loads involved are (1) the torques, (2) the weight of the parts,
and (3) both radial and axial hydraulic forces. In designing a shaft, the maximum allow-
able deflection, the span or overhang, and the location of the loads all have to be consid-
ered, as does the critical speed of the resulting design.

Shafts are usually proportioned to withstand the stress set up when a pump is started
quickly, such as when the driving motor is energized directly across the line, If the pump
handles hot liquids, the shaft is designed to withstand the stress set up when the unit is
started cold without any preliminary warm-up.

Critical Speeds Any object made of an elastic material has a natural period of vibra-
tion. When a pump rotor or shaft rotates at any speed corresponding to its natural fre-
quency, minor unbalances will be magnified. These speeds are called the critical speeds.
In conventional pump designs, the rotating assembly is theoretically uniform around
the shaft axis and the center of mass should coincide with the axis of rotation, This theory
does not hold for two reasons. First, minor machining or casting irregularities always
occur. Second, variations exist in the metal density of each part. Thus, even in vertical-
shaft machines having no radial deflection caused by the weight of the parts, this eccen-
tricity of the center of mass produces a centrifugal force and therefore a deflection when
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FIGURE 60 A combination balancing disk and drum with a disk located in the center pertion of the drum
(Flowserve Corporation)

the assembly rotates. At the speed where the centrifugal force exceeds the elastic restor-
ing force, the rotor will vibrate as though it were seriously unbalanced. If it is run at that
speed without restraining forces, the deflection will increase until the shaft fails.

Rigid and Flexible Shaft Designs The lowest critical speed is called the first critical
speed, the next highest is called the second, and so forth. In centrifugal pump nomencia-
ture, a rigid shaft means one with an operating speed lower than its first critical speed.
A flexible shaft is one with an operating speed higher than its first critical speed. Once an
operating speed has been selected, relative shaft dimensions must still be determined. In
other words, it must be decided whether the pump will operate above or below the first
critical speed.

Actually, the shaft critical speed can be reached and passed without danger because
frictional forces tend to restrain the deflection. These forces are exerted by the surround-
ing liquid, and the various internal leakage joints acting as internal liquid-lubricated
bearings. Once the critical speed is passed, the pump will run smoothly again up to the
second speed corresponding to the natural rotor frequency, and so on to the third, fourth,
and all higher critical speeds.

Designs rated for 1800 rpm (or lower) are usually of the rigid-shaft type. On the other
band, high-head 3600 rpm (or higher) multistage pumps, are frequently of the flexibie-
shaft type. It is possible to operate centrifugal pumps above their critical speeds for the
following two reasons: (1) very little time is required to attain full speed from rest (the
time required to pass through the critical speed must therefore be extremely short) and
(2) the pumped liquid in the internal leakage joints acts as a restraining force on the
vibration.

Shaft Sizing Shaft diameters are usually larger than what is actually needed to trans-
mit the torque. Two factors that assure this conservative design are a) shaft deflection
limit requirements at the impellers and mechanical seal faces, and b) requirements for
ease of rotor assembly.
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For between bearings pumps (single-stage double-suction, multistage), the maximum
shaft diameter is at the impeller mounting surface. From there, the shaft is stepped down
in diameter toward the bearing mounting surfaces and the coupling mounting surface.
The shaft size at the coupling must consider torsional strength; the remainder of the shaft
size is based on other considerations, including the steps in diameter required for shaft
nuts or other axial location devices for the impeller and sealing members (mechanical seal
components or shaft sleeves for packing. When these considerations have been decided,
the rotor must be analyzed for conformance to the dynamic requirements or deflection and
critical speed. These topics are covered in Section 2.3.

Shaft Sleeves Pump shafts are usually protected from erosion, corrosion, and wear at
seal chambers, leakage joints, internal bearings, and in the waterways by renewable
sleeves, Years ago, the most common shaft sleeve function was to protect the pump shaft
from wear at stuffing box packing. However, most pumps today use mechanical seals, not
packing. Furthermore, most mechanical seals today are cartridge mechanical seals, and
the sleeve is part of the seal package. Packing and mechanical seal topics are covered in
Section 5.

Shaft sleeves serving other functions are given specific names to indicate their pur-
pose. For example, a shaft sleeve used between two multistage pump impellers in con-
junction with the interstage bushing to form an interstage leakage joint is called an
interstage or distance sleeve.

For between bearings pumps, a favored shaft sleeve construction for pumps equipped
with packing uses an external shaft nut to hold the sleeve in an axial position against the
impeller hub. Sleeve rotation is prevented by a key, usually an extension of the impeller key
(see Figure 61). The axial thrust of the impeller(s) is transmitted through the sleeve to the
external shaft nut.

For pumps using cartridge mechanical seals, the preferred design is shown in Figure 63.
An internal impeller nut locates the impeller axially on both sides, leaving a large open
seal chamber for installing the seal cartridges and locking them to both the seal chamber
and the shaft. When shaft nuts are used to retain the sleeves and impellers axially, they are
usually manufactured with right- and left-hand threads. The friction of the pumpage and
inadvertent contact with stationary parts or bushings will tend to tighten the nuts against
the sleeve and impeller hub (rather than loosen them). Usually, the shaft sleeves utilize
extended impeller keys to prevent rotation.

In pumps with overhung impellers, various types of sleeves are used. Most pumps use
mechanical seals, and the shaft sleeve is usually a part of the mechanical seal package
supplied by the seal manufacturer. Many mechanical seals are of the cartridge design,
which is set and may be bench-tested for leakage prior to installation in the pump. (For a
further discussion of mechanical seals, see Seetion 5.2.)

For overhung impeller pumps that utilize packing for sealing, the packing sleeves gen-
erally extend from the impeller hub through the seal chambers (or stuffing boxes) to protect
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FIGURE 61 A sleeve with external locknut and impeller key extending into the sleeve to prevent rotation
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FIGURE 82 A sleeve with an internal impeller nut, external shaft-sleeve nut, and a separate key for the sleeve

the pump shaft from wear (see Figure 63). The sleeves are usually keyed to the shaft to pre-
vent rotation. If a hook-type sleeve is used, the hook part of the sleeve is clamped between
the impeller and a shaft shoulder to maintain the axial position of the sleeve. A hook-type
sleeve used to be popular for overhung impeller pumps that operate at high temperatures
because it is clamped at the impeller end and the rest of the sleeve is free to expand axially
with temperature changes. But with the increased use of cartridge-type seals, the use of
hook-type sleeves is minimal today.

In designs with a metal-to-metal joint between the sleeve and the impeller hub or shaft
nut, a sealing device is required between the sleeve and the shaft to prevent leakage.
Pumped liquid can leak into the clearance between the shaft and the sleeve when operat-
ing under a positive suction head and air can leak into the pump when operating under a
negative suction head. This seal can be accomplished by means of an O-ring, as shown in
Figure 64, or a flat gasket. For high temperature services, the sealing device must be
either acceptable for the temperature to which it will be exposed, or it must be located out-
side the high temperature liquid environment. An alternative design used for some high-
temperature process pumps is shown in Figure 65. In this arrangement, the contact
surface of the hook-type sleeve and the shaft is ground at a 45° angle to form a metal-to-
metal seal. That end of the sleeve is locked, but the other is free to expand with tempera-
ture changes.

When O-rings are used, any sealing surfaces must be properly finished to ensure a pos-
itive seal is achieved. All bores and changes in diameter over which O-rings must be
passed should be properly radiused and chamfered to protect against damage during
assembly. Guidelines for assembly dimensions and surface finish criteria are listed in O-
ring manufacturers’ catalogs.

SHAFT STUFFING BOX
é o ———a oo
A
GLAND SLEEVE IMPELLER

FIGURE 63 A sleeve for pumps with an overhung impeller
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FIGURE 64 A seal arrangement for the shaft sleeve to prevent leakage along the shaft

Material for Packing Sleeves Packing sleeves are surrounded in the stuffing box by
packing. The sleeve must be smooth so that it can turn without generating too much fric-
tion and heat. Thus, the sleeve materials must be capable of taking a very fine finish,
preferably a polish. Cast-iron is therefore not suitable. A hard bronze is generally used
for pumps handling clear water, but chrome or other stainless steels are sometimes pre-
ferred. For pumps subject to abrasives, hardened chrome or other stainless steels give good
results. In most applications, a hardened chromium steel sleeve will be technically ade-
quate, and the most economical choice. For severe or unusual conditions, coated sleeves
are used. Ceramic coatings, applied using a plasma spray process, have also been used.
Chromium oxide and aluminum oxide are the most common ceramic coatings. Both are
extremely hard and resist abrasive wear well.

Ceramic coatings have been replaced in some applications by tungsten carbide coat-
ings applied using a high-velocity oxyfuel (HVOF) process. The superior impact resistance
and bond strength of these coatings is well documented. Another coating that is widely
used on pump sleeves is a nickel-chromium-silicon-boron self-fluxing coating. This coating
has a good resistance to galling and moderate resistance to abrasive wear.

Sleeves intended for coating should be machined with an undercut, so that the coating
does not extend to the edge of the sleeve. This will prevent chipping at the edge, especially
with the more brittle ceramic coatings.

SEAL CHAMBERS AND STUFFING BOXES

Seal chambers have the primary function of protecting the pump against leakage at the
point where the shaft passes out through the pump pressure casing. If the pump handles
a suction lift and the pressure at the bottom of the seal chamber (the point closest to the

Contacting surface
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Free to expand

FIGURE 65 A sleeve with a 45° bevel contacting surface
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inside of the pump) is below atmospheric, the seal chamber function is to prevent air leak-
age into the pump. If this pressure is above atmospheric, the function is to prevent liquid
leakage out of the pump.

When sealing is accomplished by means of a mechanical seal, the seals are installed in
a seal chamber. When sealing is accomplished by means of packing, the seal chamber is
commonly referred to as a stuffing box. Packing and mechanical seal topics are covered in
Section 5.

Sealing Liquid Arrangements When a pump handles clean, cool water, sealing liquid
connections are usually to the pump discharge or, in multistage pumps, to an intermedi-
ate stage. An independent supply of sealing water should be provided if any of the following
conditions exist:

¢ A suction lift in excess of 15 ft (4.5 m)
o A discharge pressure under 10 1b/in?(0.7 bar)

o Hot water (over 250°F or 120°C) being handled without adequate cooling (except for
boiler-feed pumps, in which lantern rings are not used)

¢ Muddy, sandy, or gritty water being handled
¢ The pump is a hot-well pump.

¢ The liquid being handled is other than water, such as acid, juice, molasses, or sticky
liquids, without special provision in the stuffing box design for the nature of the liquid

If the suction lift exceeds 15 ft (4.5 m), excessive air infiltration through the stuffing
boxes may make priming difficult unless an independent seal is provided. A discharge
pressure under 10 1b/in?(0.7 bar} may not provide sufficient sealing pressure. Hot-well (or
condensate) pumps operate with as much as a 28-in Hg (710 mm Hg) vacuum, and air
infiltration would take place when the pumps are standing idle in standby service.

When sealing water is taken from the pump discharge, an external connection may be
made through small-diameter piping (see Figure 66) or internal passages. In some pumps,
these connections are arranged so that a sealing liquid can be introduced into the packing
or mechanical seal space through an internal drilled passage either from the pump casing
or from an external source. When the liquid pumped is used for sealing, the external con-
nection is plugged. If an external sealing liquid source is required, it is connected to the
external pipe tap with a socket-head pipe plug inserted at the internal pipe tap.

For packing, it is sometimes desirable to locate the lantern ring with more packing on
one side than on the other. For example, in gritty-water services, a lantern ring location
closer to the inner portion of the pump would divert a greater proportion of sealing liquid
into the pump, thereby keeping grit from working into the box. An arrangement with most
of the packing rings between the lantern ring and the inner end of the stuffing box would
be applied to reduce dilution of the pumped liquid.

s
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FIGURE 66 Piping connections from the pump discharge to seal cages
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FIGURE 87 An illustration of the priniciple of cyclone separators (Flowserve Corp. )

Some pumps handle water in which there are small, even microscopic, solids. Using
water of this kind as a sealing liquid introduces the solids into the leakage path, short-
ening the life of the packing and sleeves. It is sometimes possible to remove these solids
by installing small pressure filters in the sealing water piping from the casing to the stuff-
ing box.

Filters ultimately get clogged, though, unless they are frequently backwashed or oth-
erwise cleaned out. This disadvantage can be overcome by using a cyclone (or centrifugal)
separator. The operating principle of the cyclone separator is based on the fact that if a lig-
uid under pressure is introduced tangentially into a vortexing chamber, a centrifugal force
will make it rotate in the chamber, creating a vortex. Particles heavier than the liquid in
which they are carried will hug the outside wall of the vortexing chamber and the liquid
in the center of the chamber will be relatively free of foreign matter. The action of such a
separator is illustrated in Figure 67. Liquid piped from the pump discharge or from an
intermediate stage of a multistage pump is piped to inlet tap A, which is drilled tangen-
tially to the cyclone bore. The liquid containing solids is directed downward to the apex of
the cone at outlet tap B and is piped to the suction or to a low-pressure point in the sys-
tem. The cleaned liquid is taken off at the center of the cyclone at outlet tap C and is piped
to the stuffing box.

Sand that will pass through a No. 40 sieve will be completely eliminated in a cyclone
separator with supply pressures as low as 20 1b/in?(1.4 bar). With 100 1b/in? (7-bar) supply
pressure, 95% of the particles of 5-micron size will be eliminated.

Most city ordinances require that some form of backflow preventer be interposed
between city water supply lines and connections to equipment where backflow or siphon-
ing could contaminate a drinking water supply.

This is the case, for instance, with an independent sealing supply used for stuffing
boxes of sewage pumps. Quite a variety of backflow preventers are available. In most
cases, the device consists of two spring-loaded check valves in a series and a spring-loaded,
diaphragm-actuated, differential-pressure relief valve located in the zone between the
check valves (see Figure 68).

Stuffing Box Packing See Section 5.1.

MECHANICAL SEALS VERSUS PACKING

Sealing with a packed stuffing box is impractical for many conditions of service. In an ordi-
nary packed stuffing box, the sealing between the rotating shaft or shaft sleeve and the
stationary portion of the stuffing box (or seal chamber) is accomplished by means of rings
of packing forced between the two surfaces and held tightly in place by a packing gland.
The leakage around the shaft is controlled by merely tightening or loosening the packing
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FIGURE 68 Backflow preventer (Hersey Products)

gland nuts (or bolts). The actual sealing surfaces consist of the axial rotating surface of the
shaft or shaft sleeve and the stationary packing. Attempts to reduce or eliminate all leak-
age from a conventional packed stuffing box increase the compressive load of the packing
gland on the packing. The packing, being semiplastic, forms more closely to the shaft or
shaft sleeve and tends to reduce the leakage. After a certain point, however, the leakage
between the packing and the rotating shaft or shaft sleeve becomes inadequate to carry
away the heat generated by the packing rubbing on the rotating surface, and the packing
fails to function. This failure can result in burned packing, packing “blow out,” and
severely damaged shaft or shaft sleeve surfaces. If the sealing surface is coated, this coat-
ing may be destroyed. Even before this condition is reached, the shaft or shaft sleeve may
be severely worn and scored by the packing, so that it becomes impossible to pack the
stuffing box satisfactorily.

These undesirable characteristics prohibit the use of packing as a sealing method if
some leakage of the pumpage to the atmosphere is not acceptable. Packing is limited in its
application pressure and temperature range (see Section 5.1), and it is usually not accept-
able for any flammable or hazardous pumping services. To address these limitations, the
mechanical seal was developed (see Section 5.2). The mechanical seal has found general
acceptance in nearly all pumping applications. Packing is still used in certain low-pressure,
low-temperature applications where leakage of the pumpage is not a problem and a his-
tory of satisfactory, economical service exists.

Mechanical seals are not always the solution to every sealing situation. Seals are still
subject to failure, and their failure may be more rapid and abrupt than that of packing. If
packing fails, the pump can many times be kept running by temporary adjustments until
it is convenient to shut it down. If a mechanical seal fails, most often the pump must be
shut down immediately. As both packed stuffing boxes and conventional mechanical face
seals are subject to wear, both are subject to failure. Whether one or the other should be
used depends on the specific application and the experience of the user. In some cases, both
give good service and the choice becomes a matter of personal preference or cost. Table 2
adds other comments and summarizes some advantages and disadvantages of packing
and mechanical seals.

Centrifugal Pump Mechanical Seals See Section 5.2.
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TABLE 2 Comparison of packing and mechanical seals

Advantages Disadvantages
Packing
1. Lower initial cost 1. Relatively high leakage
2, Easily installed as rings and glands are split 2. Requires regular maintenance
3. Good reliability to medium pressures 3. Wear of shaft of shaft sleeve can

and shaft speeds be relatively high
4 Can handle large axial movements (thermal 4. Power losses may be high
expansion of stuffing box versus shaft)
5. Can be used in rotating or reciprocating
applications
6. Leakage tends to increase gradually, giving
warning of impending breakdown

Mechanical seals

1. Very low leakage/no leakage 1. Higher initial cost

2. Require no maintenance 2. Easily installed but may require
some disagsembly of pump
(couplings and so on)

3. Eliminate sleeve wear/shaft wear

4, Very good reliability

5. Can handle higher pressures and speeds

6. Easily applied to carcinogenic, toxic,

flammable, or radicactive liquids
7. Low power loss

Source: John Crane Inc.

Injection-Type Shaft Seals See Section 5.3.

BEARINGS

See Section 6.

Oil Film or Sleeve Bearings See Section 6.1.

COUPLINGS

Centrifugal pumps are connected to their drivers through couplings of one sort or another,
except for close-coupled units, in which the impeller is mounted on an extension of the
shaft of the driver.

Because couplings can be used with both centrifugal and positive displacement pumps,
they are discussed separately in Section 9.3.

BEDPLATE AND OTHER PUMP SUPPORTS

For very obvious reasons, it is desirable that pumps and their drivers be removable from
their mountings. Consequently, they are usually bolted and doweled to machined surfaces
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that in turn are firmly connected to a foundation. To simplify the installation of hori-
zontal-shaft units, these machined surfaces are usually part of a common bedplate on
which either the pump or the pump and its driver have been prealigned.

Bedplates The primary function of a pump bedplate is to furnish mounting surfaces for
the pump feet that can be rigidly attached to the foundation. Mounting surfaces are also
necessary for the feet of the pump driver or drivers and for the feet of any independently
mounted power transmission device, Although such surfaces could be provided by sepa-
rate bedplates or by individually planned surfaces, it would be necessary to align these
separate surfaces and fasten them to the foundation with the utmost care, Usually, this
method requires in-place mounting in the field as well as drilling and tapping for the bolts
after all the parts have been aligned. To minimize such field work, coupled horizontal-shaft
pumps are usually purchased with a continuous base extending under the pump and its
driver. Ordinarily, both these units are mounted and aligned at the place of manufacture.

Although such bases are designed to be quite rigid, they deflect if improperly sup-
ported. It is therefore necessary to support them on a foundation that can supply the
required rigidity. Furthermore, as the base can be sprung out of shape by improper han-
dling during transit, it is imperative that the alignment be carefully rechecked during
erection and prior to starting the unit.

As the unit size increases, so does the size, weight, and cost of the base required. The
cost of a prealigned base for most large units exceeds the cost of the field work necessary
to align individual bedplates or soleplates and to mount the component parts. Such bases
are therefore used only if appearances require them or if their function as a drip collector
justifies the additional cost. Even in fairly small units, the height at which the feet of the
pump and the other elements are located may differ considerably. A more rigid and nice-
looking installation can frequently be obtained by using individual bases or soleplates and
building up the foundation to various heights under the separate portions of equipment.

Baseplates are usually provided with a raised edge or raised lip around the base to pre-
vent dripping or draining onto the floor (see Figure 69). The base itself is sloped toward
one end to collect the drainage for further disposal. A drain pocket is provided near the bot-
tom of the slope, sometimes with a mesh screen, A tapped connection in the pocket permits
piping the drainage to a convenient point.

Bedplates are usually fabricated from steel plate and structural steel shapes (see
Figures 70 and 71). Even though most of these fabrications have a drain capability,
because of the popular use of mechanical seals and the containment of stuffing box leakage
for pumps that continue to use shaft packing (leakage is usually collected in the bearing

FIGURE 69 Horizontal shaft overhung pump and driver on a structural steel bedplate with a raised edge around
the base and a tapped drainage connection (Flowserve Corporation)
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FIGURE 70 Horizontal shaft centrifugal pump and internal combustion engine mounted on a structural steel
bedplate (Flowserve Corporation)

bracket and piped to a common collecting point), the bedplate surfaces actually are seldom
used to collect leakage from the pumping equipment during operation. Bedplate drain sur-
faces are usually employed to contain the leakage of pumpage and other liquids during
pump maintenance and removal or in the event of a seal or packing failure.

Soleplates Soleplates are cast-iron or steel pads located under the feet of the pump
or its driver and are embedded in the foundation. The pump or its driver is doweled and
bolted to them. Soleplates are customarily used for vertical dry-pit pumps and also for
some of the larger horizontal units to save the cost of the large bedplates otherwise
required.

Centerline Support For operation at high temperatures, the pump casing must be sup-
ported as near to its horizontal centerline as possible in order to prevent excessive strains
caused by temperature differences. Such strains might seriously disturb the alignment of
the unit and eventually damage it. Centerline construction is usually employed in boiler-
feed, refinery, and hot-water circulating pumps (see Figure 72). The exact temperature at
which centerline support construction becomes mandatory varies from 250°F to 350°F
{121°C to 177°C).

FIGURE 71 Horizontal shaft centrifugal pump and FIGURE 72 Single-stage, double-suction pump with
driver on a structural steel bedplate made of a simple centerline support (Flowserve Corporation)
channel shape (Flowserve Corporation)
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Horizontal Units Using Flexible Pipe Connections The previous discussion of bed-
plates and supports for horizontal-shaft units assumed their application would be to
pumps with piping setups that do not impose hydraulic thrusts on the pumps. If flexible
pipe connections or expansion joints are desirable in the suction or discharge piping of a
pump (or in both), the pump manufacturer should be so advised for several reasons. First,
the pump casing will be required to withstand various stresses caused by the resultant
hydraulic thrust load. Although this is rarely a limiting or dangerous factor, it is best that
the manufacturer have the opportunity to check the strength of the pump casing. Second,
the resulting hydraulic thrust has to be transmitted from the pump casing through the
casing feet to the bedplate or soleplate and then to the foundation. Usually, horizontal-
shaft pumps are merely bolted to their bases or soleplates, and so any tendency to dis-
placement is resisted only by the frictional grip of the casing feet on the base and by
relatively small dowels, If flexible pipe joints are used, this attachment may not be suffi-
cient to withstand the hydraulic thrust. If high hydraulic thrust loads are to be encoun-
tered, therefore the pump feet must be keyed to the base or supports. Similarly, the
hedplate or supporting soleplates must be of a design that will permit transmission of the
load to the foundation. Each of these design elements must be checked to confirm their
capability to withstand hyraulic thrust loads from flexible pipe connections. Preferably
expansion joints will be restrained to avoid transmitting loads to the pump nozzles.

VERTICAL PUMPS

Vertical-shaft pumps fall into two classifications: dry-pit and wet-pit. Dry-pit pumps are
surrounded by air, and the wet-pit types are either fully or partially submerged in the
liquid handled.

Vertical Dry-Pit Pumps Dry-pit pumps with external bearings include most small,
medium, and large vertical sewage pumps, most medium and large drainage and irriga-
tion pumps for medium and high heads, many large condenser circulating and water sup-
ply pumps, and many marine pumps. Sometimes the vertical design is preferred
(especially for marine pumps) because it saves floor space. At other times, it is desirable
to mount a pump at a low elevation because of suction conditions, and it is then also
preferable or necessary to have the pump driver at a high elevation. The vertical pump is
normally used for large capacity applications because it is more economical than the hor-
izontal type, all factors considered.

Many vertical dry-pit pumps are basically horizontal designs with minor modifications
(usually in the bearings) to adapt them for vertical-shaft drive. This is not true of small-
and medium-sized sewage pumps, however. In these units, a purely vertical design is the
most popular. Most of these sewage pumps have elbow suction nozzles (see Figures 73 and
74) because their suction supply is usually taken from a wet well adjacent to the pit in
which the pump is installed. The suction elbow usually contains a handhole with a remov-
able cover to provide easy access to the impeller.

To dismantle one of these pumps, the stuffing box head must be unbolted from the cas-
ing after the intermediate shaft or the motor and motor stand have been removed. The
rotor assembly is drawn out upward, complete with the stuffing box head, the bearing
housing, and the like. This rotor assembly can then be completely dismantled at a conve-
nient location.

Vertical-shaft installations of single-suction pumps with a suction elbow are commonly
furnished with either a pedestal or a base elbow {refer to Figure 73), both of which can be
bolted to soleplates or even grouted in. The grouting arrangement is not desirable unless
there is full assurance that the pedestal or elbow will never be disturbed or that the
grouted space is reasonably regular and the grout will separate from the pump without
excessive difficulty.

Vertical single-suction pumps with bottom suction are commonly used for larger
sewage, water supply, or condenser circulating applications. Such pumps are provided with
wing feet that are bolted to soleplates grouted in concrete pedestals or piers (see Figure 75).
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FIGURE 73 Section of a vertical sewage pump with end-suction (elbow) and side discharge (Flowserve
Corporation)

FIGURE 74 An installed vertical sewage pump similar to that shown in Figure 102 (Flowserve Corporation}
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FIGURE 75 Vertical bottom-suction volute pumps installed in a sewage pumping station (Flowserve Corporation)

Sometimes the wing feet may be grouted right in the pedestals. These must be suitably
arranged to provide proper access to any handholes in the pump and to allow clearance for
the elbow suction nozzles if these are used.

If a vertical pump is applied to a condensate service or some other service for which the
eye of the impeller must be vented to prevent vapor binding, a pump with a bottom single-
inlet impeller is not desirable because it does not permit effective venting. Neither does a
vertical pump employing a double-suction impeller (see Figure 76 The most suitable
design for such applications incorporates a top single-inlet impeller (see Figure 77),

FIGURE 76 A vertical double-suction volute pump with a direct-mounted motor (Flowserve Corporation)
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FIGURE 77 A section of a vertical pump with a top-suction inlet impeller (Flowserve Corporation)

If the driver of a vertical dry-pit pump can be located immediately above the pump, it
is often supported on the pump itself. The shafts of the pump and driver may be connected
by a flexible coupling, which requires that each have its own thrust bearing. If the pump
shaft is rigidly coupled to the driver shaft or is an extension of the driver shaft, a common
thrust bearing is used, normally in the driver.

Although the driving motors are frequently mounted on top of the pump casing, one
important reason for the use of the vertical shaft design is the possibility of locating the
motors at an elevation sufficiently above the pumps to prevent the accidental flooding of
the motors. The pump and its driver may be separated by an appreciable length of shaft-
ing, which may require steady bearings between the two units. Section 9.3.1 discusses the
construction and arrangement of the shafting used to connect vertical pumps to drivers
located some distance above the pump elevation.

Bearings for vertical dry-pit pumps and for intermediate guide bearings are usually
antifriction grease-lubricated types to simplify the problem of retaining a lubricant in a
housing with a shaft projecting vertically through it. Larger units, for which antifriction
bearings are not available or desirable, use self-oiling, babbitt steady bearings with spiral
oil grooves (see Figures 78 and 79). Figure 79 illustrates a vertical dry-pit pump design
with a single-sleeve line bearing. The pump is connected by a rigid coupling to its motor
(not shown), which is provided with a line and a thrust bearing.

Vertical dry-pit centrifugal pumps are structurally similar to horizontal-shaft pumps. It
is to be noted, however, that many of the large, vertical, single-stage, single-suction (usually
bottom) volute pumps that are preferred for large storm water pumpage, drainage, irrigation,
sewage, and water supply projects have no comparable counterpart among horizontal-shaft
units. The basic U-section casing of these pumps, which is structurally weak, often requires
the use of heavy ribbing to provide sufficient rigidity. In the comparable water turbine prac-
tice, a set of vanes (called a speed ring) is employed between the casing and the runner to act
as a strut. Although the speed ring does not adversely affect the operation of a water tur-
bine, it would function basically as a diffuser in a pump because of the inherent hydraulic
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FIGURE 78 A self-oiling, babhitt steady bearing for large vertical shafting (Flowserve Corporation)

limitations of that construction. Some high-head pumps of this type have been made in the
twin-volute design. The wall separating the two volutes acts as a stengthening rib for the cas-
ing, thus making it easier to design a casting strong enough for the pressure involved.

Bases and Supports for Vertical Pumping Equipment Vertical-shaft pumps, like
horizontal-shaft units, must be firmly supported. Depending upon the installation, the unit
can be supported at one or several elevations. Vertical units are seldom supported from
walls, but even that type of support is sometimes encountered.

Qccasionally, a nominal horizontal-shaft pump design is arranged with a vertical shaft
and a wall used as the supporting foundation. Regular horizontal-shaft units can be used for
this purpose without modification, except that the bedplate is attached to a wall. Careful
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FIGURE 79 A section of a large, vertical, bottom-suction volute pump with a single sleeve bearing (Flowserve
Corporation)
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attention must be given to the arrangement of the pump bearings to prevent the escape of
the lubricant. Installations of double-suction, single-stage pumps with the shaft in the ver-
tical position are relatively rare, except in some marine or navy applications. Hence, man-
ufacturers have few standard pumps of this kind arranged so that a portion of the casing
forms the support (to be mounted on soleplates). Figure 76 shows such a pump, which also
has a casing extension to support the driving motor.

Vertical Wet-Pit Pumps Vertical pumps intended for submerged operations are manu-
factured in a great number of designs, depending mainly upon the service for which they
are intended. Small pumps of this type are often referred to as sump pumps. Wet-pit cen-
trifugal pumps can be classified in the following manner:

¢ Vertical turbine pumps
¢ Propeller or modified propeller pumps
¢ Volute pumps

Vertical Turbine Pumps Vertical turbine pumps were originally developed for pump-
ing water from wells and have been called deep-well pumps, turbine well pumps, and bore-
hole pumps. As their application to other fields has increased, the name vertical turbine
pumps has been generally adopted by manufacturers. This is not too specific a designa-
tion because the term turbine pump has been applied in the past to any pump employing
a diffuser. There is now a tendency to designate pumps using diffusion vanes as diffuser
pumps to distinguish them from volute pumps. As that designation becomes more uni-
versal, applying the term vertical turbine pumps to the construction formerly called tur-
bine well pumps will become more specific.

The largest fields of application for the vertical turbine pump are pumping from wells
for irrigation and other agricultural purposes, for a municipal water supply, and for indus-
trial water supplies, as well as for processing, circulating, refrigerating, and air condition-
ing. This type of pump has also been utilized for brine pumping, mine dewatering, oil field
repressuring, and other purposes.

These pumps have been made for capacities as low as 10 or 15 gpm (2 or 3 m¥h) and
as high as 25,000 gpm (5700 m%h) or more and for heads up to 1000 feet (300 m). Most
applications naturally involve the smaller capacities. The capacity of the pumps used for
bored wells is naturally limited by the size of the well as well as by the rate at which water
can be drawn without lowering its level to a point of insufficient pump submergence.

Vertical turbine pumps should be designed with a shaft that can be readily raised or
lowered from the top to permit proper positioning of the impeller in the bowl. An adequate
thrust bearing is also necessary to support the vertical shafting, the impeller, and the
hydraulic thrust developed when the pump is in service. As the driving mechanism must
also have a thrust bearing to support its vertical shaft, it is usually provided with one large
enough to carry the pump parts as well. For these two reasons, the hollow-shaft motor or
gear is most commonly used for vertical turbine pump drives. In addition, these pumps are
sometimes made with their own thrust bearings to allow for a belt drive or for a drive
through a flexible coupling by a solid-shaft motor, gear, or turbine. Dual-driven pumps
usually employ an angle gear with a vertical motor mounted on its top.

The design of vertical pumps illustrates how a centrifugal pump can be specialized to
meet a specific application. Figure 80 illustrates a turbine design with closed impeilers
and enclosed-line shafting and another turbine design with closed impellers and open-line
shafting.

The bowl assembly, or section, consists of the suction case (also called suction head or
inlet vane), the impeller or impellers, the discharge bowl, the intermediate bowl or bowls
(if more than one stage is involved), the discharge case, the various bearings, the shaft, and
the miscellaneous parts, such as keys, impeller-locking devices, and the like. The column
pipe assembly consists of the column pipe, the shafting above the bowl assembly, the shaft
bearings, and the cover pipe or bearing retainers. The pump is suspended from the driving
head, which consists of the discharge elbow (for above ground discharge), the motor or dri-
ver and support, and either the stuffing box (in an open-shaft construction) or the assembly
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(a) (b)

FIGURE 80 A vertical turbine pump design with enclosed impellers and: (a) enclosed line shafting and (b) open-
line shafting (Flowserve Corporation)

for providing tension on the cover pipe and introducing a lubricant into it. Below ground
discharge is taken from a tee in the column pipe, and the driving head functions princi-
pally as a stand for the driver and a support for the column pipe.

Liquid in a vertical turbine pump is guided into the impeller by the suction case or
head. This may be a tapered section for the attachment of a conical strainer or suction
pipe, or it may be a bell mouth.

Semiopen and enclosed impellers are both commonly used. For proper clearances in the
various stages, the semiopen impeller requires more care in assembly on the impeller
shaft and more accurate field adjustments of the vertical shaft position in order to obtain
the best efficiency. Enclosed impellers are favored over semiopen ones because wear on the
latter reduces capacity, which cannot be restored unless new impellers are installed. Nor-
mal wear on enclosed impellers does not affect impeller vanes, and worn clearances may
be restored by replacing wearing rings. The thrust produced by semiopen impellers may
be as much as 150% of that by enclosed impellers.

Occasionally, in power plants, the maximum water level that can be carried in the con-
denser’s hot well will not give adequate NPSH for a conventional horizontal condensate
pump mounted on the basement floor, especially if the unit has been installed in a space orig-
inally allotted for a smaller pump. Building a pit for a conventional horizontal condensate
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FIGURE 81 Vertical turbine can pump for condesate service (Flowserve Corporation)

pump or a vertical dry-pit pump that will provide sufficient submergence involves consider-
able expense. Pumps of the design shown in Figure 81 have become quite popular in such
applications. This is basically a vertical turbine pump mounted in a tank (often called a can)
that is sunk into the floor. The length of the pump has to be such that sufficient NPSH will
be available for the first-stage impeller design, and the diameter and length of the tank have
to allow for proper flow through the space between the pump and tank and then for a turn
and flow into the bell mouth. Installing this design in an existing plant is naturally much
less expensive than making a pit because the size of the hole necessary to install the tank is
much smaller. The same basic design has also been applied to pumps handling volatile lig-
uids that are mounted on the operating floor and not provided with sufficient NPSH.

Propeller Pumps Originally, the term vertical propeller pump was applied to vertical
wet-pit diffuser or turbine pumps with a propeller or axial-flow impellers, usually for
installation in an open sump with a relatively short setting (see Figures 82 and 83). Oper-
ating heads exceeding the capacity of a single-stage axial-flow impeller might call for a
pump of two or more stages or a single-stage pump with a lower specific speed and a
mixed-flow impeller. High enough operating heads might demand a pump with mixed-flow
impellers and two or more stages. For lack of a more suitable name, such high-head
designs have usually been classified as propeller pumps also.
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FIGURE 82 Vertical propeller pump installed (Flowserve Corporation}

Although vertical turbine pumps and vertical modified propeller pumps are basically
the same mechanically and could even be of the same specific speed hydraulically, a basic
turbine pump design is suitable for a large number of stages. A modified propeller pump
design, however, is basically intended for a maximum of two or three stages.

Most wet-pit drainage, low-head irrigation, and storm water installations employ con-
ventional propeller or modified propeller pumps. These pumps have also been used for con-
denser circulating services, but a specialized design dominates this field. As large power
plants are usually located in heavily populated areas, they frequently have to use badly
contaminated water (both fresh and salt) as a cooling medium. Such water quickly short-
ens the life of fabricated steel. Cast iron, bronze, or an even more corrosion-resistant cast
metal must therefore be used for the column pipe assembly. This requirement means a
very heavy pump if large capacities are involved. To avoid the necessity of lifting this large
mass for maintenance of the rotating parts, some designs (one of which is illustrated in
Figure 84) are built so that the impeller, diffuser, and shaft assembly can be removed from
the top without disturbing the column pipe assembly. These designs are commonly desig-
nated as pullout designs.

Like vertical turbine pumps, propelier and modified propeller pumps have been
made with both open- and enclosed-line shafting. Except for condenser circulating ser-
vices, enclosed shafting, using oil as a lubricant but with a grease-lubricated tail bear-
ing below the impeller, seems to be favored. Some pumps handling condenser
circulating water use enclosed shafting but with water (often from another source) as
the lubricant, thus eliminating any possibility of oil getting into the circulating water
and coating the condenser tubes.

Propeller pumps have open propellers. Modified propeller pumps with mixed-flow
impellers are made with both open and closed impellers.
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FIGURE B3 Vertical propeller pump with above FIGURE 84 Vertical pull-out design allows the

ground discharge (Flowserve Corporation) rotating element and critical non-rotating wear
components to be removed for inspection and
replacement without removing the complete pump
(Flowserve Corporation}

Volute Pumps A variety of wet-pit pumps are available. The liquid pumped, be it clean
water, sewage, abrasive liquids or slurries, dictates whether a semiopen or an enclosed
impeller will be used, whether the shafting will be open or closed to the liquid pumped,
and whether the bearings will be submerged or located above the liquid.

Figure 85 illustrates a single-volute pump with a single-suction enclosed nonclog
impeller, no pump-out vanes or wearing-ring joints on the hack side of the impeller, and
enclosed shafting. The pump is designed to be suspended from an upper floor by means of
a drop pipe and for pumping sewage or other solid-laden liquids. To seal against leakage
along the shaft at the point where it passes through the casing, a seal chamber or a stuff-
ing box is provided. The design of a stuffing box can be either like the one shown in Figure 86,
which uses rings of packing and a spring-loaded gland, or the one shown in Figure 87,
which uses U-cup packing requiring no gland. The pump shown in Figure 85 uses two

LIBERTY EXHIBIT 1017, Page 329



2.2.1 CENTRIFUGAL PUMPS: MAJOR COMPONENTS 2.305

AR

N
1]

l\\\\\\\[\\\ﬂ\\\ NN

FIGURE 85 A section of a vertical wet-pit, nonclogging pump (Flowserve Corporation)

sleeve bearings above the impeller. The bottom bearing is grease-lubricated, and a seal is
provided to prevent grease leakage as well as to keep out any grit. The upper bearing con-
nects the shaft cover pipe to the pump-bearing bracket and the upper end of the cover pipe
to the floorplate. This bearing is gravity-feed oil-lubricated. If intermediate bearings are
required, they are also supported by the cover pipe and are oil-lubricated. The pump
thrust is carried by the motor, which can be either a hollow-shaft or a solid-shaft con-
struction. The latter type requires the use of a rigid coupling between the pump and motor
shafts.
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FIGURE 88 A typical stuffing box arrangement

In most applications, these volute-type pumps have been replaced with vertical wet-pit
pumps with the stuffing box/seal chamber in the discharge head.

A design that uses open shafting and no seal chamber or stuffing box at the pump cas-
ing, incorporating its own thrust bearing, is shown in Figure 88. It may also offer a
recessed impeller option, suitable for pumping heavy concentrations of solid material
(such as sludges or slurries) or in certain food-processing applications. Pumped liquid leak-
age from the casing is relieved back to the suction through holes in the support pipe. The
seal chamber or stuffing box at the driver floor elevation is used only when gas tight con-
struction is desired. The lower and any intermediate sleeve bearings are grease-lubricated
as shown, but gravity-feed oil lubrication is also available in other designs. The upper
antifriction thrust bearing is grease-lubricated. A solid shaft motor and a flexible shaft are
used.

Figure 89 illustrates what is called a cantilever-shaft pump, which has the unique fea-
ture of having no bearings below the liquid surface. The shaft is exposed to the liquid
pumped. External antifriction grease-lubricated bearings are provided above the floor and
are properly spaced to support the rigid shaft. They carry both the thrust and the radial
load. A flexible coupling is used between the pump and the solid-shaft motor. The stuffing
box at the floorplate may be eliminated if holes are provided in the drop pipe to maintain
the liquid level in the pipe even with the sump liquid level. Either semiopen or enclosed
impellers may be used.

STATIONARY PARTS

NQ. OF

REF, NC. s, NAME OF FARTS
L ] L-CUP SEAL RING
9-A 2 SPACERS
iRl 1 SEAL RING ADAPTER
ir 1 LOWER PUMP BEARING
59 1 BEARING BRACKET

47 1 STUFFING -ROX HEAD
93 1 QiL SEAL

148 1 SEAL-RING RETAINER

ROTATING PARTS

NQ. O
rcs.

NAME OF PARTS

1 SHAFT W/KEY
4 1 ImPELLER
1 SHAFT SLEEVE

FIGURE 87 A stuffing box arrangement with U-cup packing (Flowserve Corporation)}
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FIGURE 88 A vertical wet-pit volute pump with open shafting, no seal chamber (stuffing box), and its own thrust
bearing (Flowserve Corporation)

An interesting design of the wet-pit pump is shown in Figure 90. It uses a single-stage,
double-suction impeller in a twin-volute casing. Because the axial thrust is balanced, the
thrust bearing need carry only the weight of the rotating element. The pump requires no
stuffing box or mechanical seal. The shaft is entirely enclosed, and the bearings are exter-
nally lubricated, either with oil or with water. The lower bearing receives its lubrication
from an external pipe connection.

The term sump pump ordinarily conveys the idea of a vertical wet-pit pump that is sus-
pended from a floorplate or sump cover. It could be supported by a foot on the bottom of a
well, be motor-driven and automatically controlled by a float switch, and be used to remove
drainage collected in a sump. The term does not indicate a specific construction, for both
diffuser and volute designs are used. These may be single-stage or multistage and have
open or closed impellers of a wide range of specific speeds.

For small capacities driven by fractional-horsepower motors, cellar drainers can be
used. These are small and usually single-stage volute pumps with single-suction impellers
(either top or bottom suction) supported by a foot on the casing. The motor is supported
well above the impeller by some form of column enclosing the shaft. These drainers are
made as complete units, including float, float switch, motor, and strainers.

The larger sump pumps are usually standardized but obtainable in any length, with
covers of various sizes (on which a float switch may be mounted) and the like. Duplex
units, that is, two pumps on a common sump cover (sometimes with a hole for access to the
sump), are often used. Such units may operate their pumps in a fixed order, or a mechan-
ical or electric alternator may be used to equalize their operation.

The Application of Vertical Wel-Pit Pumps Like all pumps, the vertical wet-pit pump
has advantages and disadvantages. One advantage is that installation does not require a
separate dry pit to collect the pumped liquid. If the impeller (first-stage impeller in mul-
tistage pumps) is submerged, no priming problem exists and the pump can be automati-
cally controlled without fear of its ever running dry. Moreover, the available NPSH is
greater (except in closed tanks) and often permits a higher rotative speed for the same
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FIGURE 89 Vertical wet-pit cantilever-type volute pump: (1) impeller nut, (2) open impeller, (3) closed impeller,
(4) open casing, (5} closed casing, {6) casing wearing ring, (7) casing gasket, (8) discharge flange gasket, (9) back
cover, (10) packing or mechanical seal, (11) packing or seal gland, (12) radial bearing, (13) shaft, (14) supporting
pipe, (15) separate stuffing box, (18) sump cover, (17) discharge pipe, (18} upper motor pedestal, (19} lower motor
pedestal, (20} lower thrust bearing cover, (21) thrust bearing, (22) upper thrust bearing cover, (23) coupling, (24)
motor, (25) bearing locknut and washer (Laurence Pump)
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FIGURE 90 Double-suction, wet-pit pump (Flowserve Corporation)

service conditions. A second advantage is that the motor or driver can be located at any
desired height above any flood level.

It has the following mechanical disadvantages: (1) the possibility of freezing when idle,
(2) the possibility of damage by floating objects if the unit is installed in an open ditch or
similar installation, (3) the inconvenience of lifting out and dismantling for inspection and
repairs, no matter how small, and (4) the pump bearings have a relative short life unless
the water and bearing design are ideal. In summary, the vertical wet-pit pump is the best
pump available for some applications. It’s not ideal but can be the most economical for cer-
tain installations, a poor choice for some, and the least desirable for still others.

Axial Thrust in Vertical Pumps with Single Suction Impellers The subject of axial
thrust in horizontal pumps has already been discussed in this section. When pumps are
installed in a vertical position, additional factors need be taken into account when deter-
mining the amount and direction of the thrust to be absorbed in the thrust bearings.

The first and most significant of these factors is the weight of the rotating parts, which is
a constant downward force for any given pump, completely independent of the pump oper-
ating capacity or total head. Since in most cases the single-suction impellers of vertical
pumps are mounted with the suction eye facing downward, the normal hydraulic axial thrust
is exerted downward and the weight of the rotating parts is additive to this axial thrust.

The second factor involves the dynamic force (or change in momentum) caused by the
change in the direction of flow, from vertical to either horizontal or partly horizontal, as the
pumped liquid flows through the impeller. This force acts upward and balances a small
portion of the hydraulic downthrust and of the rotor weight. The magnitude of this force
for water having a specific weight (force) of 62.34 1b/ft? (8.79 kIN/m?) is

. . KVZA,
in USCS units F, = m
. SI .t F — EAE
in SI units « = 32(1.02)

where F, = upthrust, b (N)
K = constant related to the impeller type
V., = velocity in the impeller eye ft/s (m/s)
A, = net eye area, in®(cm?)
g = 32.2 ft/s*(9.81 m/s?)

The constant K is 1.0 for a fully radial-flow impeller, less than 1.0 for a mixed-flow
impelier, and essentially 0 for a fully axial-flow impelier.

Under normal operating conditions, the upward thrust caused by the change of
momentum is hardly significant in comparison with the downward thrust caused by the
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unbalanced pressures acting on the single-suction impeller. Consider the example of an
impeller with the following characteristics:

Capacity 2500 gpm (568 m?h)
Total head 231 ft (70.4 m)

Net pressure 100 Ib/in?(6.89 bar)
Unbalanced eye area 40 in%(258 cm?)

If we neglect the effect of the pressure distribution on the shrouds of the impeller, the
downward thrust is

in USCS units 100 x 40 = 4000 Ib
. . s, 258
in SI units 6.89 X 10° X 75505 = 17,800 N

The upward force caused by the change of momentum is

2
10 x (2500 X 0.32) « 40

40
in USCS units 614 %331 =107.51b
« (568 X 10,000)2 x 958
) ) 258 x 3600
in SI units 2% 981 X 1.02 =481 N

This is certainly negligible relative to the downward hydraulic axial thrust.

The situation is quite different, however, during the startup of a vertical pump. Although
the motor may get up to full speed in just a few seconds, it takes a certain amount of time for
the total head to increase from zero that corresponding to the normal operating capacity. Con-
sequently, the pump will be operating in a very high capacity range. Since the upward force
caused by the change of momentum varies as the square of the capacity while the downward
axial thrust caused by pressure differences is very low, there can be a momentary net upward
force, or upthrust. This means that thrust bearings intended to accommodate the axial thrust
of vertical pumps must be capable of accommaodating some thrust in the upward direction in
addition to the normal downward thrust. This is particularly true for pumps with relatively
low heads per stage and with short settings because in these units the rotor weight does not
at all times compensate for the upthrust from the change in momentum.

Particular care must be exercised in defining the range of vertical movement allowed
for the thrust bearings because any such movement must remain within the displacement
limits of any mechanical seal used in the pump.

In rather rare cases, a close-coupled vertical pump is operated at such a high capacity
that a continuous net upthrust is generated. Such operations can damage the pump because
the line shaft is operated in compression and may buckle, causing vibration and bearing
wear. The manufacturer’s comments should be invited if such an operation is contemplated.

Shaft Elongation in Vertical Pumps The elongation of a vertical pump shaft is caused by
three separate phenomena: (1) the tensile stress caused by the weight of the rotor, (2) the
tensile stress caused by the axial thrust, and (3) the thermal expansion of the shaft.

In most cases, the tensile stress created by the axial thrust is several times greater than
that created by the weight. In a typical example of a 16,000-gpm (3636-m¥%h) pump designed
for a 175-ft (53.3-m) head and 50 ft (15.25 m) long, the elongation caused by the weight of a
1600-1b (726-kg) impeller will be of the order of 0.0033 in (0.084 mm). The elongation caused
by the axial thrust will be approximately 0.0315 in (0.8 mm).

The elongation caused by thermal expansion has to be considered from two angles.
First, if the shaft and the stationary parts are built of materials that have essentially
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the same coefficient of expansion, both will expand equally and no significant relative
elongation will take place. Second, if the pumps are operated in essentially the same range
of temperatures in which they were assembled, no significant relative expansion will take
place, even if dissimilar coefficients of expansion are involved. Whatever the case, the
pump manufacturers take these factors into consideration by providing the necessary ver-
tical end-play between the stationary and rotating pump components.

Loads on Foundations of Verticai Pumps If the motor support is integral with the
pump discharge column, as in Figures 80, 82, and 83, and if the hydraulic thrust is car-
ried by the motor thrust bearing, this thrust is not additive to the deadweight of the
pump and of its motor plus the weight of the water contained in the pump, insofar as
the load on the foundations is concerned. This is because the pump and motor mounted
in this fashion form a self-contained entity and all internal forces and stresses are bal-
anced within this entity. If the pump and motor are supported separately, however, as
in Figure 91, and are joined by a rigid coupling that transmits the pump hydraulic

0%0
EXT. ‘o

HIGH WATER| |EL.657-0
EXT. .

LOW WATER EL.602-

Y
FIGURE 91 The vertical pump and driving motor supported separately (Flowserve Corporation)
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thrust to the motor thrust bearing, the foundations will carry the following loads when
the pump is running:

o The foundation supporting the motor: the weight of the motor plus the weight of the
pump rotor plus the axial hydraulic thrust developed by the pump

® The foundation supporting the pump: the weight of the pump stationary parts plus the
weight of the water in the pump, including the water in the discharge pipe supported
by the foundation, less the axial hydraulic thrust developed by the pump

Since when the pump is idle the foundation supporting the pump is not benefited by
the reduction in load equivalent to the axial hydraulic thrust, both running and idle oper-
ating conditions must be considered in this case.

Typical Arrangements of Vertical Pumps A pump is only part of a pumping system.
The hydraulic design of the system external to the pump will affect the overall economy
of the installation and can easily have an adverse effect upon the performance of the pump
itself. Vertical pumps are particularly susceptible because the small floor space occupied
by each unit offers the temptation to reduce the size of the station by placing the units
closer together. If the size is reduced, the suction arrangement may not permit the proper
flow of water to the pump suction intake. Recommended arrangements for vertical pumps
are discussed in Section 13.1.

SPECIAL PURPOSE PUMPS

In addition to the more or less general purpose pumps described on the preceding pages,
literally hundreds of centrifugal pumps are intended for very specific applications.
Although it is impossible to describe every one of these special purpose designs, many of
them are discussed and illustrated in Section 12, covering a variety of pump services.
However, several specific designs are seeing rapidly increasing usage and so are discussed
in greater detail here.

Submersible Motor-Driven Wel-Pit Pumps The installation of conventional vertical
wet-pit pumps with the motor located above the liquid level may require a considerable
length of drive shafting, particularly in the case of deep settings. The addition of this shaft-
ing, of the many line bearings, and possibly of an external lubrication system may repre-
sent a major portion of the total installed cost of the pumping unit. Furthermore, shaft
alignment becomes more critical, and shaft elongation and power losses increase rapidly
as the setting is increased, especially for deep-well pumps.

A great variety of submersible motors have been developed to obviate these shortcom-
ings. They are described in Section 9.1.1, and a classification of the various types of such
motors is presented in that section. Submersible wet-pit pumps eliminate the need for
extended shafting, shaft couplings, a mechanical seal or stuffing box, a subsurface motor
stand, and, in some cases, an expensive pump house. Both vertical turbine and volute-type
wet-pit pumps may be so driven.

Figures 92 and 93 illustrate, respectively, the external appearance and a cross section
of a vertical turbine pump driven by a submersible motor located at the bottom of the
pump. The pump suction is through a perforated strainer located between the motor and
the first-stage impeller bowl. There is, of course, no shafting above the pump and the
pump-and-motor unit is supported by the discharge pipe only. No external lubrication is
required. The motor is completely enclosed and oil-filled and is provided with a thrust
bearing to carry the pump downthrust. A mechanical seal is provided at the motor shaft
extension, which is connected to the pump shaft with a rigid coupling. Only a discharge
elbow and the electric cable connection are seen above the surface support plate. On occa-
sion, this type of pump is used horizontally as a booster pump in a pipeline, and in such
cases the elbow at the discharge is eliminated.

Vertical wet-pit volute-type sump pumps can also be obtained with close-coupled sub-
mersible motors (see Figure 94) for drainage, sewage, process, and SlEfE%ﬁ‘-‘r‘WE’?&mb 1017, Page 337
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FIGURE 82 Vertical turbine pump driven by a FIGURE 93 Cross-sectional view of a submersible
submersible motor (Flowserve Corporation) pump (Flowserve Corporation)

Small portable pumps are available with flexible discharge hoses and built-in water-
level motor control switches activated by trapped air pressure. Motors for these pumps are
usually oil-filled and have a single mechanical shaft seal but are also available in a her-
metically sealed design. The submersible motors are cooled by the liquid in which they are
immersed and therefore should not be run dewatered, although some motors can operate
for short periods (10 to 15 min) this way,

In a pump-motor combination (see Figure 95), the motor is cooled by the pumped lig-
uid as it moves through a passage around the sides of the motor. This design also uses a
pressurized oil-seal chamber to assure positive sealing.

Sealless Pumps Sealless pumps are available for pumping corrosive, volatile, radioac-
tive, and otherwise hazardous liquids. Canned motor pumps are an assembly of a stan-
dard centrifugal pump and a squirrel-cage induction motor in a hermetically sealed unit.
Modifying a recirculating flow system in a canned motor pump can allow it to be used in
applications at up to 1000°F (538°C).

Magnetic drive pumps are an assembly of a rotor, an impeller, product lubricated bear-
ings, and a magnetic carrier inside an isolation shell or diaphragm. This rotor is driven by
magnets outside the shell or diaphragm. No mechanical connection exists between the dri-
ven magnets and the driving magnets. No seals exist and thus we have the term “sealless.”
Sealless pumps are described in detail in Section 2.2.3,

Straight-Radial-Vane High-Speed Pumps For handling volatile liquids at low flow
rates and high heads, the straight-radial-vane impeller in a diffuser ¢agingpffergsayierab17, Page 338
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FIGURE 94 A section of a submersible, solids handling pump (Flowserve Corporation)
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FIGURE 95 A portable submersible pump (Peabody Barnes}
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FIGURE 96 A straight-radial-vane impeller in a single emission-point, conical-diffuser circular casing (Sundyne
Corporation)

advantages. Volatile, low-specific-gravity, poor-lubricity liquids require larger running
clearances, which is not possible with conventional high-head multistage centrifugal or
positive displacement pumps. High-head pumping of these liquids can be handled by oper-
ating this completely open impeller at very high speeds through an integral gear increaser
and with very large impeller-to-casing clearance, typically 0.030 to 0.070 in (0.76 to 1.8
mm). Tests of one manufacturer’s design have shown this clearance can increase to 0.125
in (3.2 mm) with virtually no change in performance, and consequently there is no need
to provide adjustment for impeller axial clearance. A pump of this design can also run
“dry,” as liquid lubricity is not required to lubricate the bearings, which can be separately
lubricated (providing the mechanical seal is lubricated).

Figure 96 illustrates one manufacturer’s design of a radial-vane high-speed pump. The
impeller rotates in a circular casing that has a single emission point leading to a conical
diffusion section. The advantage of this type of casing is that the conversion to pressure
occurs outside the circular housing, thus eliminating any recirculation forces that would
require a close clearance between the impeller and casing. For higher flow ranges, a dou-
ble emission point design, as shown in Figure 97, is used. This additional emission acts
like a double-volute casing in conventional centrifugal pumps.

FIGURE 87 A straight-radial-vane impeller in a double-emission-point, conical-diffuser circular casing (Sundyne
Corporation)
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FIGURE 98 A section of a straight-radial-vane impeller and inducer in a conical-diffuser circular casing with an
integral gear increaser with the following: (1) pump casing, (2) impeller, (3) impeller bolt, (4) impeller tab washer,
(5) inducer, {6) diffuser, (7) diffuser cover, (8) upper throttle bushing, (9) seal housing, (10) single shaft sleeve, (11)
pump seal rotating face, (12) gearbox seal rotating face, (11) pump mechanical seal, (14) gearbox mechanical seal,
(15) separator orifice, (16) separator fitting, (17) gearbox output housing, (18} gearbox input housing, (19) bearing
plate, (20) interconnecting shaft, (21) low-speed shaft, (22) input gear, (23} lower idler gear, (24) high-speed shaft,
(25) pinion gear, (26) idler shaft, (27) O-ring packings (Sundyne Corporation).

Figure 98 is a sectional view of this pump with an integral speed increaser. Because of
the high rotative speed, a single-stage pump can achieve the head normally associated
with multistage centrifugal or positive displacement pumps. With this smaller liquid end
and an integral gear box, cost and space savings can be appreciable.
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When a pump is first put into service, its passageways are filled with air. If the suction
supply is above atmospheric pressure, this air will be trapped in the pump and compressed
somewhat when the suction valve is opened. Priming is accomplished by venting the
entrapped air out of the pump through a valve provided for this purpose. A centrifugal
pump is primed when the passageways of the pump are filled with the liquid to be
pumped. The liquid replaces the air, gas, or vapor in the passageways. This may be done
manually or automatically.

Unlike a positive displacement pump, a centrifugal pump that takes its suction from a
supply located below the pump, which is under atmospheric pressure, cannot start and
prime itself (unless designed to be self-priming, as described later in this section). At its
rated capacity, a positive displacement pump will develop the necessary pressure to exhaust
air from its chambers and from the suction piping. Centrifugal pumps can also pump air at
their rated capacity, but only at a pressure equivalent to the rated head of the pump.
Because the specific weight of air is approximately gi; that of water, a centrifugal pump can
produce only g} of its rated liquid pressure. For every 1 f (1 m) water has to be raised to
prime a pump, the pump must produce a discharge head of air of approximately 800 f (m).
It is therefore apparent that the head required for a conventional centrifugal pump to be
self-priming and to lift a large column of liquid (and in some cases to discharge against an
additional static liquid head) when pumping air is considerably greater than the rating of
the pump. Centrifugal pumps that operate with a suction lift can be primed by providing:
(1) a foot valve in the suction line, (2) a single-chamber priming tank in the suction line or
a two-chamber priming tank in the suction and discharge lines, (3) a pritming inductor at the
inlet of the suction line, or (4) some form of vacuum-producing device.

FOOT VALVES

A foot valve is a form of check valve installed at the bottom, or foot, of a suction line. When
the pump stops and the ports of the foot valve close, the liquid cannot drain back to the

2.317
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suction well if the valve seats tightly. A foot valve does not always seat tightly, and the
pump occasionally loses its prime. However, the rate of leakage is generally small, and it
is possible to restore the pump to service by filling and starting it promptly. This tendency
to malfunction is increased if the liquid contains small particles of foreign matter, such as
sand, and foot valves should not be used for such service. Another disadvantage of foot
valves is their unusually high frictional loss.

The pump can be filled through a funnel attached to the priming connection or from an
overhead tank or any other source of liquid. If a check valve is used on the pump and the
discharge line remains full of liquid, a small bypass around the valve permits the liquid in
the discharge line to be used for repriming the pump when the foot valve has leaked. Pro-
vision must be made for filling all the passageways and for venting out the air,

PRIMING CHAMBERS

The Single-Chamber Tank A single-chamber primer is a tank with a bottom outlet that
is level with the pump suction nozzle and directly connected to it. An inlet at the top of
the tank connects with the suction line (Figure 1). The size of the tank must be such that
the volume contained between the top of the outlet and the bottom of the inlet is approx-
imately three times the volume of the suction pipe. When the pump is shut down, the lig-
uid in the suction line may leak out, but the liquid in the tank below the suction inlet
cannot run back to the supply. When the pump is started, it will pump this entrapped lig-
uid out of the priming chamber, creating a vacuum in the tank. The atmospheric pressure
on the supply will force the liquid up the suction line into the priming chamber.

Each time the pump is stopped and restarted, a quantity of liquid in the priming tank
must be removed to create the required vacuum. Because of possible back siphoning, the lig-
uid volume in the tank is reduced. Unless the priming tank is refilled, it has limited use.
Automatic refilling of the priming tank cannot occur if the pump has a discharge check valve
unless there is sufficient backflow from the discharge system before the check valve seats.

Because of their size, the use of single-chamber priming tanks is restricted to installa-
tions of relatively small pumps, usually to a 12-in (305-mm) suction line (approximately
2000 gpm [450 m%Mh]).
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FIGURE 1 Single-chamber priming tank
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FIGURE 2 Priming inductor (Nagle Pumps)

PRIMING INDUCTORS

If a separate source of liquid of sufficient capacity and pressure is available, it can be used
to fill the suction line of the pump to be primed through the use of an inductor, as shown
in Figure 2. For water, the pressure must be equal to about 4 1b/in? for each foot (90 kPa
for each meter) of head necessary to prime the pump, measured from the lowest liquid
level in the sump from which priming must be accomplished to the top of the pump. The
amount of liquid necessary depends on the pressure.

Because the inductor is a positive-pressure device, leaks in the suction line or at the
pump seal or stuffing box are not critical. The service liquid can be left on or turned off
after pumping is initiated. If left on, the head developed by the pump (therefore the flow
also) will be increased.

An additional feature of the priming inductor is that operation is possible even when
the suction line is covered with sediment. When the pump and suction line are filled, back-
flow results, mixing the solids and the liquid.

TYPES OF VACUUM DEVICES

Almost every commercially made vacuum-producing device can be used with systems in
which pumps are primed by evacuation of air. Formerly water-jet, steam-jet, or air-jet
primers had wide application, but with the increase in the use of electricity as a power
source, motor-driven vacuum pumps have become more popular.

Ejectors Priming ejectors work on the jet principle, typically using steam, compressed
air, or water as the operating medium. A typical installation for priming with an ejector
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FIGURE 8 Arrangement of priming with an gjector

is shown in Figure 3. Valve V, is opened to start the ejector, and then valve V, is opened.
When all the air has been exhausted from the pump, liquid will be drawn into and dis-
charged from the ejector. When this occurs, the pump is primed and valves V,, and V, are
closed, in that order.

An ejector can be used to prime a number of pumps if it is connected to a header
through which the individual pumps are vented through isolating valves.

Dry Vacuum Pumps Dry vacuum pumps, which may be of either the reciprocating or the
rotary oil-seal type, cannot accommodate mixtures of air and liquid. When they are used
in priming systems, some protective device must be interposed between the centrifugal
pump and the dry vacuum pump to prevent liquid from entering the vacuum pump. The
dry vacuum pump is used extensively for central priming systems.

Wet Vacuum Pumps Any rotary, rotative, or reciprocating pump that can handle air or
a mixture of air and liquid is classified as a wet vacuum pump.

The most common type of wet vacuum pump is a centrifugal displacement type of
pump consisting of a round, multiblade rotor revolving freely in an elliptical casing par-
tially filled with liquid. The curved rotor blades project radially from the hub and, with the
side shrouds, form a series of pockets and buckets around the periphery.

The rotor revolves at a speed high enough to throw the liquid out from the center by
centrifugal force. This forms a solid ring of liquid revolving in the casing at the same speed
as the rotor, but following the elliptical shape of the casing. It will be readily seen that this
forces the liquid to alternately enter and recede from the buckets as the rotor at high
velocity.

If a golid stream of liquid circulates in this pump in place of air or of an air and liquid
mixture, the pump will not be damaged but it will require more power. For this reason, in
automatic priming systems using this type of vacuum pump, a separating chamber or trap
is provided so liquid will not reach the pump.

Liquid needed for sealing a wet vacuum pump can be supplied from a source under pres-
sure, with the shutoff valve operated manually or through a solenoid connected with the
motor control. It is, however, preferable to provide an independent sealing liquid supply by
mounting the vacuum pump on a base containing a reservoir. This is particularly desirable
in locations where freezing may occur, as a solution of antifreeze can be used in the reservoir.

CENTRAL PRIMING SYSTEMS

If there is more than one centrifugal pump to be primed in an installation, one priming
device can be made to serve all the pumps. Such an arrangement is called a central priming
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FIGURE 4 Connections for a central priming system

system (Figure 4). If the priming device and the venting of the pumps are automatically
controlled, the system is called a central automatic priming system.

Vacuum-Controlled Automatic Priming System A vacuum-controlled automatic prim-
ing system consists of a vacuum pump exhausting a tank. The pump is controlled by a
vacuum switch and maintains a vacuum in the tank of 2 to 6 in Hg (50 to 150 mm Hg)
above the amount needed to prime the pumps with the greatest suction lift, The priming
connections on each pump served by the system are connected to the vacuum tank by
automatic vent valves and piping (Figure 5). The vacuum tank is provided with a gage
glass and a drain. If liquid is detected in the vacuum tank as the result of leakage in a
vent valve, the tank can be drained. Automatic vent valves consist of a body containing a
float that actuates a valve located in the upper part. The bottom of the body is connected
to the space being vented. As air is vented out of the valve, water rises in the body until
the float is lifted, and the valve is closed.

A typical vent valve designed basically for vacuum priming systems is illustrated in
Figure 6. The valve is provided with auxiliary tapped openings on the lower part of the
body for connection to any auxiliary vent points on the system—for instance, when air is
to be exhausted simultaneously from the high point of the discharge volute and the high
point of the suction passageways. When one or more of these vent points are points of
higher pressure, such as the top of the volute of the pump, an orifice is used in the vent line
to limit the flow of liquid. Otherwise, a relatively high constant flow of liquid from the dis-
charge back to the suction would take place, causing a constant loss. Where a unit is used
more or less constantly, a separate valve should be used for each venting point.

The system shown in Figure 5 is the most commonly used central automatic priming
system. It can use either wet or dry motor-driven vacuum pumps. Most central priming
gystems are provided with two vacuum pumps. The usual practice is to have the control of
one vacuum pump switched on at some predetermined vacuum and the control of the sec-
ond switched on at a slightly lower vacuum.

TO VACUUM
_ PRODUCER

O

VAGUUM
SWITCH
CONTROLLING
VACUUM
PRCDUCER

FIGURE 5 Vacuum-controlled central automatic priming
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SECTION A-A

b

FIGURE 6 Automatic vent valve {Nash Engineering)

Combination dry reciprocating-type vacuum pump and vacuum tank units are com-
mercially available in various sizes. The operation of a typical unit can be explained as fol-
lows, referring to Figure 7.

The primer automatically stops and starts itself to maintain a minimum vacuum in its
tank at all times, regardless of whether the centrifugal pumps it serves are operating or not.

A vacuum header is run from the primer to the centrifugal pumps, and connection is
made to the priming valve mounted on each pump. The vacuum in the primer tank removes
the air from the pump and suction line via the vacuum header and priming valve. Liquid
rises up the suction line and fills the pump. The liquid cannot enter the vacuum header
because the float mechanism in the priming valve closes when the liquid reaches it.

If, for any reason, the liquid level in the pump drops, the priming valve immediately
opens and the vacuum restores the liquid level. The pumps are thus kept permanently
primed.
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FIGURE 7 Combination dry reciprocating-type vacuum pump and vacuum tank (Apco/Valve and Primer)

Automatic priming systems using ejectors are also feasible, and several such systems
are commercially available.

SELF-PRIMING PUMPS

The basic requirement for a self-priming centrifugal pump is that the pumped liquid must
be able to entrain air in the form of bubbles so the air will be removed from the suction
side of the pump. This air must be allowed to separate from the liquid after the mixture of
the two has been discharged by the impeller, and the separated air must be allowed to
escape or to be swept out through the pump discharge. Such a self-priming pump there-
fore requires, on its discharge side, an air-separator, which is a relatively large stilling
chamber, or reservoir, either attached to or built into the pump casing. Alternatively, a
small air bleed line can be installed from the discharge pipe between the pump and the
discharge check valve back to the suction source.

There are two basic variations of the manner in which the liquid from the discharge
reservoir makes the pump self-priming: (1) recirculation from the reservoir back to the
suction and (2) recirculation within the discharge and the impeller itself.

Recirculation at Discharge This form of priming is distinguished from the preceding
method by the fact that the priming liquid is not returned to the suction of the pump but
mixes with the air either in the impeller or at its periphery. The principal advantage of
this method, therefore, is that it eliminates the complexity of internal valve mechanisms.

One such self-priming pump is illustrated in Figure 8. An open impeller (A) rotates in
a volute casing (B), discharging the pumped liquid through passage C into the reservoir
(D). When the pump starts, the trapped liquid carries entrained air bubbles from the suc-
tion to the discharge chamber. There, the air separates from the liquid and escapes,
whereas the liquid in the reservoir returns to the impeller through the recirculation port
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FIGURE 9 Self-priming pump with recirculation at discharge (Peabody Barnes)

(F), reenters the impeller and, after mixing once more with air bubbles, is discharged
through passage C, This operation is repeated continuously until all the air in the suction
line has been expelled. After the pump is primed, a uniform pressure distribution is estab-
lished around the impeller, preventing further recirculation. From this moment on, the lig-
uid is discharged into the reservoir bath at C and at F.

Figure 9 illustrates another form of self-priming pump with recirculation at the dis-
charge. In this arrangement, the return of the liquid to the impeller periphery takes place
through a communicating passage (A) located at the bottom of the pump casing. After the
pump is primed, liquid is delivered into the reservoir at the discharge both through its nor-
mal volute discharge and through port A. In the pump illustrated in Figure 9, a check
valve at the pump suction (B) acts to prevent the draining of the pump after it has been
stopped.

Regenerative Turbine Pumps Because these pumps can handle relatively large amounts
of gas, they are inherently self-priming as long as sufficient liquid remains in the pump
to seal the clearance between the suction and discharge passages. This condition is usu-
ally met by building a trap in the pump suction.

SPECIAL APPLICATIONS

Systems for Sewage Pumps A pump handling sewage or similar liquids containing
stringy material can be equipped with automatic priming, but special precautions must
be used to prevent carry-over of the liquid into the vacuum-producing device.
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One approach is to use a tee on the suction line immediately adjacent to the pump suc-
tion nozzle, with a vertical riser mounted on the top outlet of the tee. This riser is blanked
at the top, thus forming a small tank. The top of the tank is vented to a vacuum system
through a solenoid valve. The solenoid valve in turn is controlled electrically through elec-
trodes located at different levels in the tank. The solenoid valve closes if the liquid
reaches the top electrode and opens if the liquid level falls below the level of the lower
electrode.

Another solution permits the use of an automatic priming system with a separate
motor-driven vacuum pump controlled by a discharge-pressure-actuated pressure switch.
An inverted vertical loop is incorporated in the vacuum pump suction line to the pump
being primed. This prevents the sewage from being carried over into the vacuum pump
because this pump shuts down before the liquid reaches the top of the loop.

Systems for Air-Charged Liquids Some types of liquid have considerable dissolved
gas that is liberated when the pump handles a suction lift. In such installations, an
air-separating tank (also called a priming tank or an air eliminator) should be used in the
suction line. One type (Figure 10) uses a float-operated vent valve to permit the with-
drawal of air or other gas. Another common arrangement uses a float valve mounted on
the side of the tank to directly control the starting and stopping of the vacuum pump.
Unless the air-separating tank is relatively large and the vacuum pump is not oversized,
there is danger of frequent starting and stopping of the vacuum pump in such a system.
When sand is present as an impurity in the liquid, the air-separating tank can be made
to also function as a sand trap.

CONNECTION
TO VACUUM
PROQUCER
I
'
FROM TO
SUCTION . . - —_— - PUMP
SUPPLY SUCYION

I
FIGURE 10 Air separating chamber

LIBERTY EXHIBIT 1017, Page 351



Previous Page

2.2.2 CENTRIFUGAL PUMP PRIMING 2.327

Systems for Units Driven by Gasoline or Diesel Engines An automatic priming
system usging motor-driven vacuum pumps can be used for centrifugal pumps driven by
diesel engines if a reliable source of electric power is available in the station. An auxil-
iary vacuum pump driven by a gasoline engine might be desirable for emergency use in
case of electric power failure. Alternatively, a direct-connected wet vacuum pump with
controls similar to those used in motor-driven automaticelly primed units is very
satisfactory.

The choice of the priming device for a gasoline-engine centrifugal pump depends on the
size of the pump, the required frequency of priming, and the portability of the unit. Most
portable units are used for relatively low heads and small capacities, for use in pumping
put excavations and ditches, for example. Self-priming pumps of various types are most
satisfactory for this service and are preferable to regular centrifugal pumps,

It is possible to utilize the vacuum in the intake manifold of a gasoline engine as a
means of priming or keeping the pump primed. The rate at which the air can be drawn
from the pump in thiz manner is relatively low, so many of these units use foot valves.
They are initially primed by filling the pump manually. Provision must be made to prevent
liquid from being drawn over into the manifold.

TIME REQUIRED FOR PRIMING

The time required to prime a pump with a vacuum-producing device depends on: (1) the
total volume to be exhausted, (2) the initial and final vacuums, and (3) the capacity of the
vacuum-producing device over the range of vacuums that will exist during the priming
cycle, The calculations for determining the time necessary to prime a pump are compli-
cated, To permit close approximations, jet primers are usually rated in net capacity for var-
ious lifts. It is necessary to divide the volume to be exhausted by the rating to obtain the
approximate priming time. Unless such a simplified method is available, the selection of
the size of a primer is best left ta the vendor of the equipment.

Central autematic priming systems are usually rated for the total volume to be kept
primed. The time initially required to prime each unit served by the central system is not
usually considered, as the basic function of the system is to keep the pumps primed and
in operating condition at all times.

PREVENTION OF UNPRIMED OPERATION

Various controls may be used to prevent the operation of a pump when it is unprimed.
These controls depend upon the type of priming system used. For many installations, a
form of float switch in a chamber connected with the suction line is used. If the level in the
chamber is above the impeller eye of the pump, the float switch control allows the pump
to operate. If the liquid falls below a safe level, the float switch acts through the control to
stop the pump. to prevent its being started, to sound an alarm, or to light a warning lamp.
Such & valve and switch are illustrated in Figure 11.

GENERAL

Because a great number of automatic priming devices and systems are available, care
should be taken to use the type or variation best suited ta the application. The discussion
of priming in this section does not, of course, cover all makes and modifications available
for every specific application.

An automatic priming system will often allow units to be operated with excessive air
leakage into the suction lines. This is poor practice because it requires the operation of the
vacuum producer for greater periods of time than normally necessary:
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2.2.3
SEALLESS PUMPS

FREDERIC W. BUSE
STEPHEN A. JASKIEWICZ

Sealless pumps are developed to eliminate the liquid leakage to the atmosphere that
nccurs from pumps that employ packing or mechanical seals, This leakage is usually toxic
or dangerous to the environment; sometimes the leakage is valuable. Eighty percent of the
applications are for pressures below 200 lb/in® (13.8 bar) and below 250°F (120°C).

Sealless pumps are divided into two categories: magnetic drive pumps and canned
motor pumps, The two categories compete against themselves in certain applications, but
for the most part they each have their own market niche into which they are applied. Both
have encapsulated inner driven mechanisms, On & magnetic drive pump (see Figure § in
Section 2.2,3.1), the impeller is mounted to an inner magnet carrier, The inner and outer
magnetic carriers are sealed by what iz called a shell, which contains pump internal pres-
sure. On a canned motor pump (see Figure 1 in Section 2.2.3.2), the impeller is mounted
directly to the motor rotor. The atmospheric sealing element between the motor stator and
rotor is called a liner or "can.” Both magnetic drive and canned motor pumps use product
lubricated bearings of compatible design and materials, These bearings are usually cooled
and lubricated by the pump liquid.

The following sections describe both magnetic drive and canned motor pumps.
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SECTION 2.2.3.1
MAGNETIC DRIVE PUMPS

FREDERIC W. BUSE
GREGORY M. DENAULT

The principle of a magnetic drive pump is the elimination of the seal or packing in an over-
hung pump (Figure 1) and cutting the shaft in two at the seal location (Figure 2a). On the
inner or wet end half of the shaft (Figure 2b), an inner magnet assembly (a) is placed on a
shaft (b) supported by product lubricated bearings (c). On the other cut portion of the
shaft, an outer magnet assembly (d) is placed on the power shaft (e). Between the inner
and outer magnet assemblies, a static seal (f) isolates the shell (g) or diaphragm and the
pumped liquid from the atmosphere, The magnetic flux from the outer magnet assembly
drives the inner magnet assembly and impeller(s), The outer assembly is mounted directly
to either its own bearing assembly in a frame housing (Figure 3) or motor shaft (Figure 4).
Figure 5 shows a crosg section of a magnetic drive frame mounted pump.

Magnetics A magnetic eircuit usually consists of two sets of permanent magnets and
inner and outer conducting rings (Figure 6). The conducting rings can be cast iron, duc-
tile iron, carbon steel, or a 400 series stainless steel,

Magnet Materials The first permanent magnets, developed in the 1940s, were made of
aluminum-nickel-cobalt (AINiCo) and used in small chemical pumps. Development of rare
earth magnets in the 1980s made it possible to have a small power package that could
drive larger pumps. The two types of rare earth materials commonly used are neodymium
iron boron (NdFeB) and samarium cobalt (SmCo). The SmCo is four times stronger than
AINiCo. NdFeB, at 70°F (21°C), is 20% stronger than SmCo. The advantage of SmCo is
the maximum service temperature of 550°F (288°C), almost twice that of NdFeB, which
is 300°F (148°C). Figure 7 shows the strength versus temperature characteristics of the
two materials, The cost of SmCo, however, i1s about twice that of NdFeB.

The magnets have a maximum temperature at which they lose all magnetism in an
irreversible process; the magnets do not regain magnetism as they cool, This temperature
is the Curie temperature and is shown for each magnet material in Table 1.

Conduction Ring The amount of transmittal torque depends on the overall gap (Figure &)
between the poles of the magnets and the thickness of the conducting ring (Figure 9), If
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FIGURE 1 Pump with conventional bearing housing and mechanicsl seal (Flowserve Corporation |

the thickness of the conducting ring is too small, it will become saturated with flux and
the torque capability will be reduced.

Gap The “overall gap” (Figure 8] is made up of the air gap, containment shell thickness,
liquid gap, and encapsulation, Gap dimensions are based on the pressure requirement for
the shell, the number of magnets (single or dual), and the material of the shell (metallic
or nonmetallic) in the gap.

EXAMPLE Dimensions shown as in (mm)

Mean diameter (on radius dimensions) 4.6 (117) 6.0 (152.4)
Air gap minimum 030 (0.762) 045 (1.143)
Containment shell thickness: Hastelloy C 040 (1.016) 060 (1.524)
Polymer 120 (3,048) 150 (3.810)
Liquid gap .035 10.889) .035 (0.889)
Encapsulation 030 10.762) .030 (0.762)
Overall gap (basis Hastelloy C) 135 (3.429) 170 (4.318)
Overall gap (basis polymer) 215 (5.461) .260 (6.604)

In the previous example, the same overall gap was maintained for polymer and Hastelloy
C shells. This allows for interchangeability of the magnetic assemblies independent of
shell material,
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CONTAINMENT SHELL
COUPLING HOUBING

OUTER MAGNET CARRIER
FIGURE 4 Close-coupled magnat drive arrangement

FIGUREB Cross-section of a frame-mounted megnet-doven pump (Flowserve Corporation)
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TABLE 1 Operating and Curie temperatures for magnet materials

Type of Magnet
Material Operating Temperature ("F/°C) Curie Temperature (“F/C)
AINiCo 660/306 800/425
NdFeB 250-300/120-137
(Depending on grade) 600/310
SmCo 500-660/260-350
(Depending on grade) 1300/700

Transmittal Torque The torque transmitted by the magnets depends on the following:

e Flux density of the magnets, B,

 Operating temperature of the magnets (which will change B,)
» Length of the magnet poles, L

o Number of magnets per ring, M

» Mean ratios between the ID of the outer assembly magnets and OD of the inner assembly
magnets, r

® Overall gap between the ID and OD of the magnets in the assembly, g
A constant, K, which changes as a function of the specific design

Torgue is determined from the following relationship, with appropriate units:

KXBiXLxMxr
- 8

T

For a given design type and configuration, the torque varies inversely as the square of
the overall gap. Depending on costs and specific design construction, an assembly ring
of magnets can have either one continuous length of magnets of a series of 1, 2, 3, or
more rows of individual magnets.
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FIGURE ® Rows of magnets
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TORQUE CAPABILITY

The ultimate torque is the static “breakaway torque.” To determine this, the magnet car-
riers are assembled so the inner carrier is locked in position. Then a torque is applied by
bar and weights or by a torque wrench to the puter carrier. The torque value at which the
two carrier assemblies break loose from each other radially—or “decouple”—is called the
“breakaway torque.” The designer has to account for the driver start-up acceleration time,
start-up torque, and an appropriate gafety factor to apply to the breakaway torque to
determine the allowable applied torque,

Table 2 gives examples of the torque capability of assemblies composed of NdFeB
blocks of magnet 0.75 in wide x 0.38 in high X 1.125 in long (19 mm < 9.65 mm > 28,6
mm) with g 0.180in (4.6-mm)-thick conducting ring,

Basic Dimensioning of Magnet Blocks The magnet blocks can be made too long or too
short, resulting in handling, magnet maolding, or flux density problems. The ratio of the
dimensions for magnet blocks for successful designs is as follows:

® Block width is two to three times the thickness.
* Block length is three to five times the thickness.
¢ Doubling the block thickness will increase the strength by approximately 20%.

For reference: 1.0 in® (16.387 cm?) of NdFeB per assembly at a mean diameter of 4.0 in
(101.6 mm) with & 0.25 in (6.35 mm) overall gap produces approximately 7 ft - 1b (9.5 N e m)
of torque, A 3% reduction in flux density is equal to a 6% reduction in torgque.

Characteristics of magnet material:
Density: 0.273 Ib/in® (7.56 g/fem")

Tensile: 12 % 107 Ib/in® (844 kg/cm®)
Compression; 110 < 10° Ib/in? (7.7 x 10° kg/em?)
Flex stress: 36 = 10° Ib/in® (2.63 x 10° kg/em?)

Coefficients of thermal expansion are shown in Table 3,

Radial and Axial Magnet Forces The inner and outer carriers have to be restrained radi-
ally by bearings from contacting each other. In the example of “Torque Capability,” a sin-
gle row of 18 magnets with a 6 in (152 mm) mean diameter, the radial force with magnets
concentric is 40 b (18 kgf). When the magnets are offset by 0.005 in (0.127 mm), the radial
force is 55 1b (25 kgh) (Figure 9). When the magnets are against each other (no gap), the
radial force is 80 1b (36 kgl).

In the previous example, it takes 60 Ib (27 kgf) in an axial direction to separate a sin-
gle row of concentric magnets and 180 1b (82 kgf) for three rows, It is strongly advisable
that provisions be made for personnel to address these loads during assembly and disas-
sembly of the carners.

Encapsulation of Inner Carrler Magnetics Encapsulation can be accomplished with

either metallic or polymer materials. The encapsulation of the inner magnet and conducting
ring is probably the most expensive and extensive process in a magnetic drive sealless

TABLE 2 Torgue capability of magnet assemblies

Mean Diameter Breakaway

in (mm) Magnets/Row  Overall Gap in (mm)  Torque ft-1b (N » m)
4.3 (109) 12 0.240 (6.10) 30 (40)

6.0 (152) 13 0.260 (6.60) 60 (80)
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TABLE 3 Coefficients of thermal expansion (in/in/°F X 10 ®)/(em/em/°C X 107%)

Magnet material Parallel to Axis Perpendicular to Axis
NdFeB 5(9) 9(16.2)
SmCo 20 (36) 16 (28.8)

pump. After encapsulation, the carrier should be nondestructively tested to eonfirm 100%
effectiveness.
The pros and cons of polymer encapsulation (Figure 10a) are as follows;

1. Limited to 250 to 300°F (120 to 150°C)
2. The overall gap is increazed because of the required thickness of the pelymer.

8. Magnets must be restrained mechanically on the conducting ring by adhesives or
high-strength polymers around the magnets.

4, Polymers like PFA/PTFE or PEEK are more corrosive-resistant than most metals,
5. Production polymer construction is much less expensive than metallic construction.
6. Polymer tooling is expensive,
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The pros and cons of metallic encapsulation (Figure 10b) are as follows:

1. Temperature rating can be 550°F (288°C),

2. Thickness of the encapsulation material over the magnets can be as little as 0.030 in
(0.76 mm).

3. Welding of the components can be conventional, electron beam, or laser. However, care
must be taken with conventional welding to prevent the arc from jumping toward the
magnet flux.

4. If castings are used for the inner carrier, porosity can be a problem,
5. Gassing of polymers from welding heat coming out of the seams can be a problem.

6. Adhesives are not required to keep the magnets in place at 3600 rpm with metallic
encapsulation; the outer shield performs this function.

Encapsulation of Quter Carrier Magnefs The magnets for the outer carmers do not have
to be encapsulated (Figure 11). However, material like NdFeB has an affinity for water
absorption that results in rusting and swelling. The magnets can then break loose and
move in position relative to one another. It is highly recommended that they be encapsu-
lated with an epoxy or metal sheathing for atmospheric protection and handling,

Construction The outer carrier can be a casting or fabrication. The ecarrier is attached
to the power end shaft in the bearing housing (Figure 3) or directly to a motor shaft, which
is then called close coupled construction. When attached to the bearing housing shaft,
there is very little axial or radial load applied to the bearings. Thig lightly loaded condi-
tion can result in internal skidding of the rolling element bearings within their races,
resulting in premature bearing failure. Therefore, it is best to preload the bearings with
a spring to prevent skidding. Thie can be accomplished outside of the bearing by a spring-
loading feature (Figure 11).

Containment Shell The containment shell shape and thickness depends on working
pressure, material, and temperature. The shell thickness is usually uniform. To keep the
length of the shell to 2 minimum, & square-ended shell can be used. However, unless the
end of the shell is made extra thick, it would have a relatively low pressure capability.
Therefore, an end shape which is elliptical or spherical 18 used to obtain higher pressure
capability (Figure 12).
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FIGURE 11 Inner and outer carrier
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Body

End

FIGURE 12 Shell ratic L/r for pressure

Examples of how allowable shell pressure varies with the shape of the end plate are
shown in Table 4.

The classes of materials used for containment shells (Figure 11) include metals, poly-
mers, and ceramics, The characteristics of containment shells of various materials are
shown in Table 5. The main advantage of polymer or ceramic shells is that there are no
eddy current losses, Therefore, cooling of the magnets is not required.

Eddy Currents Metallic or metallic-lined shells will produce eddy currents. Depending
on the thickness of the shell, the eddy current losses (P, ) can amount to as much as 20%
of the total power.

KXTxLxNB,*DM
PL= R

where K = a constant, depending on the design
T' = thickness of the shell
L = length of magnets (times the core of magnets) NV = speed. rpm
B, = flux density of the magnets
D = mean diameter
M = number of sets of magnets

R = electrical resistivity, microhms per ¢m® (electrical resistivity for various shell
materials is given in Table 6)

The effect of material selection on heat buildup is shown in Table 7. The tabulation shows
the temperature rise of the air space inside a shell with only the outer carrier spinning

TABLE 4 Pressure capabilities of shells with various end shapes for the same
thickness and material

Ratio of allowable pressure to

Shape L/r  Allowable pressure—Ib/in® (kPa) that for a flat plate
Flat 533 9 (62) 1.0

Flat 267 23 (158} 2,55
Elliptical 28 113 (779) 12.6
Elliptical 8 209 (1440) 23.2
Spherical 1 815 (56201 90.5
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TABLE 5 Characteristics of containment shells of various materials

Reinforced Metal
Material Metal Polymer Ceramic with PTFE
Construction Welded or Injection Set and Spray coated
hydroformed molded fired
Temperature —300 to = 750 —40 to +250 32 to 2000+ 32 to 350
limit—"F (*C) (=150 to +400) (—4to+ 120} (0 to 1100+) (0 to 175)
Thickness— 0.030 to 0.040 0,170 (4.3) 0,250 to 0,380 0,050 (1.27)
in (mm) (0.76 to 1.0) (6.35 to 9.6)
Heat HastelloyC=T71 3 6 Higher than
conductivity® AISI316=175 metal alone
Creep None Nane None Some
Thermal shock 1000+ (637+) 375 (180) 500 (260) —
Eddy currents 316 is twice None None Same as
Hastelloy C metal

*Approximate thermal conductivity in Btu/h/ft*"F. Multiply by 0.488 to get calories/h/em*™C

TABLE 6 Electrical resistivity of various shell materials

Shell Material  Electrical Resistivity (R}, mierochms per em?
Hastelloy C 130
AISI 316L T4
Inconel 625 129
Nimonic 90 115
Titanium a3
K-Monel 58
Alloy 20 75

TABLE 7 Effect of material selection on heat build-up

Material “Ffmin
of Shell Thickness in (mm) Time min kW *F (°C) (*C/min)
AISI 316 0.43 (10.8) Start 0.40 80 (27) =
AISI 318 0.43 (10.8) 5.0 0.30 500(260) 10038}
Hastelloy C 0,43 (10.9) 0.5 0.24 170(77) 340 (171)
Hastelloy C 0,43 (10.9) 5.0 0,21 370(188) T4 (23)
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around a metallic shell (no inner carrier in place) at 3550 rpm. The carmer has 12 mag-
nets, 1.25 in (3,175 cm) long, with 8 mean diameter of 4.25 in (11.43 cm),

This illustrates the difference between AISI 316 and Hastelloy C shells at 3550 rpm.
At 1750 rpm, the power loss for AISI 316 would be one-fourth that at 3550 rpm, which may
not result in excess power consumption.

There are also axially laminated metal shells available that substantially reduce eddy
current (I’R) losses. These laminations work on the prineciple that when a shell length is
cut in half, the eddy current lpsses are reduced to one-fourth their original value. If the
one-half shell length is cut in half again, the resulting pieces have eddy current losses one-
sixteenth that of the original shell. A shell design made of segments sealed together to
make a full-length shell will thus reduce total eddy current losses.

Dual Containment As a precaution against leakage due to a breech in the primary con-
tainment shell, a dual or double-containment arrangement can be used. This double lay-
ering of shells (Figure 13) usually consists of a combination of a nonmetallic and metallic
shell, The pressure rating of the secondary shell is equal to that of the primary shell. It
is designed to operate at least 48 to 120 h after a breach in the primary zhell occurs. A
pressure monitor is inserted in the flange of the secondary shell to detect pressure buildup
from primary shell leakage.

Bearings The internal shaft system of the pump is supported by one or more bearings.
Some designs use a rotating shaft; others use a mandrel on which the bearings rotate.
The bearing, which consists of a journal and bushing, i= made of various materials,
depending on the loads and pumpage (used for product lubrication). The bearing loads are
from the weight of the components and hydraulic forces from the impeller and inner car-
rier. The impeller forces are both radial and axial.

Most magnetic drive sealless pumps are single-stage volute pumps that have the same
radial bearing loads as comparable conventionally sealed pumps, The main difference with
the sealless pump is that there is almost no overhang from the impeller to the first bear-
ing. The load on the bearing, therefore, is almost equal to that of the impeller. In a con-
ventionally sealed pump, the load on the radial bearing is almost twice that of the
impeller. This can be seen by comparing Figures 1 and 5.

The axial load will depend on whether the impeller is enclosed or semiopen (Figure 14).
Enclosed impellers usually have horizontal front rings and may also have a back ring or
pump-out vanes, Semiopen impellers have no rings, but they usually employ scallops in
the shroud to reduce the effective pressure area (Figure 15), Axial thrust force is further
reduced by employing pump-out vanes (POV) or pump-out slots (POS) on the back shroud
of the impeller to reduce the amount of pressure on the impeller back shroud.

The enclosed impeller can have less radial and axial load than a semiopen impeller.
This is usually accomplished by employing back rings (Figure 14b). To ensure positive

Leakags Detector Tap

"O" Ring
for primary shell Space

*0" Ring Primary Shell
for secondary shell

FIGURE 13 Dual conteinment
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FIGURE 14A through D Various enclosed and semiopen impelier configurations

pumping in the lubrication flow path in magnetic drive pumps, POV-POS on an encloged
or semiopen impeller are recommended.

Liquids pumped in chemical or petroleum plants may have low viscosity, low specific
gravity, or low specific heat. These characteristics can result in boundary lubrication
rather than hydrodynamie lubrication of the product lubricated bearings. Therefore, bear-
ings are selected using pressure-velocity (PV) values. Some limiting PV values for various
bearing material combinations are shown in the following section on bearing materials.

Bearing Materials Table 8 shows PV values for various bearing journal and thrust face
materials. When loads exceed a PV value of 150,000, the bearing should have an align-

ment compensator built in to correct for inaccuracies in perpendicularity, concentricity,
and parallelism of parts.

;ﬂﬁLeuaDMH BACH SMROUD

MERIDIONAL VIEW

)

+

MERIDIONAL VIEW

POLAR VIEW POLAR VIEW

A, Bemlopen Impaller with Full Back Shroud B. Partially Scalloped Semlopen Impeliar
FIGURE 15A and B Semiopen impellers with o full back shroud and with a partially sealloped back shroud
LIBERTY EXHIBIT 1017, Page 367



2,344 CHAPTER TWO

TABLE 8 PV values for various bearing journal and thrust face materials

Bushing Materials Journal/Thrust Face PV (x 108"
Carbon graphite vs. AISI 316 150
Carbon graphite vs. chrome oxide hardened 250
coating
Silicon carbide vs. hardened coating 250
Silicon carbide vs. carbon graphite 300
Silicon carbide vs. silicon carbide 500
PEEK—carbon-filled vs. hardened coating 150
Polyimide-carbon filled vs. hard coating 150

P = Net load/projected area (minus area for slots), psi

V = Velocity at the shaft diameter or mean diameter of the thrust face in ft/min

“Note: Multiplying the PV values in the table by 2.1 will give values equal to P in kPa and
Vin m/min.

When designing the bearing, thermal expansion and heat conductivity properties must be
considered. Some designe have a temperature range of —300 te +760°F (-150 to +400°C),
Table 9 lists bearing material characteristics to facilitate selection of the proper material
for the intended application.

Particles For the softer bearing materials, the maximum particle size should be no more
than 10% of the diametral clearance for a bearing with no grooves and no more than 20%
for a bearing with grooves, Polymers and graphites are much softer than silicon carbides
or hard coatings, and they are not recommended for liguids with hard particles. Silicon
carbide versus silicon carbide will grind up most particles. For particle concentrations of
50 parts per million (ppm) or less, particle hardness is generally not a factor in bearing
performance,

Strainers of 100 mesh are recommended to reduce the amount and size of particles
going through the flow path. These strainers are installed for internal or external injec-
tion, Remember: Particles that will pass through g 100 mesh screen may be as large as
0.006 in (0.15 mm), whereas nominal diametral bearing clearances of 0.002 in (0,05 mm)
are Common.

TABLE 8 Bearing material characteristics

Thermal Expansion Heat Conductivity Hardness

Material (note 1) {note 2) (note 3)
ATSI 318 9.6 7.5 160 BHN
Hastelloy C 6.7 71 170 BHN
Carbon graphite 2.6 ] 85 Vickers
Silicon carbide—
self-sintered 2.2 85 2400 Vickers
Silicon ecarbide with 2.0 75 2400 Vickers
carbon
PEEK —Carbon-filled 8.0 6
Polyimide—Carbon-filled 5.0 100 to 150 BHN
Aluminum oxide 1800 Vickers
Chrome oxide 1800 Vickers

Note Lon/inF > 10-° (multiplied by 1.411 to get em/em/"C)
Nate 2: BTUMNEYT (multiply by 0.488 to get calories/h/em*°C)
Note 3: R ® 256 = Vickers; BHN = 10 = R,
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Note also that the bearing material combination of silicon carbide against silicon car-
bide or against carbon is electrically conductive.

Running Dry Most sealless pump failures occur because the pump sgystem is not moni-
tored and the pump is allowed to run dry, When this happens, the bearings will run dry.
When the bearings run dry, hard, brittle bearing materials such as self-sintered silicon
carbide will fail within minutes. Graphite silicon carbide may run dry for as many as 10
to 20 min with no damage. The polymers, which are poor heat conductors, expand inwardly
and seize against the mating surface. The graphites will also move inwardly, but they tend
to wear rather than seize, which results in excessive clearances when the pump is stopped
and cooled. One optional design uses Teflon strips that expand inwardly when the unit
runs dry so the shaft runs on the Teflon rather than on the silicon carbide, thus helping
to avoid bearing failure.

Another option is to employ an external circulating tank, with no external running
parts, that will provide the bearings with external lubricating liquid should dry operation
occur. This type of external tank system has allowed pumps to operate for two hours or
more without incurring damage to the bearings.

Flow Path The amount and direction of flow for cooling of the magnets and lubrication
of the bearings is critical to the operation of a sealless pump (Figure 18). It is preferable
for the liquid to lubricate the bearings before being heated by the magnets. This reduces
the possibility of vaporization of the liquid pccurring at the thrust-bearing faces, The
amount of liquid circulated through the system is usually between 1 and B gpm (4 and 30
L/min). Tt is usually channeled to the front and back bearings, the thrust bearing face,
acrogs the magnets, and to the impeller hub, Some manufacturers have computer pro-
grams that calculate the flow, pressure, and temperature of the cooling/lubricating flow
at various critical locations along the flow path. These programs can also account for the
effects of the liquid specific gravity, specific heat, and viscosity The local pressure and tem-
perature is used to determine the vapor pressure at that point to ensure that the liquid is
not flashing, The programs can also calculate axial thrust and determine if the lubrication
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FIGURE 16 Magnetic sealless pump components for the internal flow aystem
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at the thrust bearing face is hydrodynamic or boundary, This is done at various flow rates,
impeller diameters, and pump speeds.

The temperature rise of the liquid as it travels through the cooling-lubricating flow
path depends to a great extent on the liquid's characteristics, such as specific gravity, spe-
cific heat, vapor pressure, and viscosity. With a nonmetallic shell on ambient water service,
a typical temperature rise might be 1 to 2°F (0.5 to 1°C). For a metallic shell, with its much
higher eddy current losses, the temperature rise could be as much as 8 to 12°F (4 to 7°C).

Performance The head capacity curve of a typical two-pole speed sealless pump matches
that of a conventionally sealed pump; however, the overall efficiency is lower. With a non-
metallic shell, the efficiency may be only about two points less at the best efficiency point
flow rate, but as much as six points less at one-half the best efficiency point flow rate.
When a metallic shell is used, the efficiency at best efficiency point flow rate may be as
much as 8 to 12 points lower than a comparable pump with a mechanical seal (Figure 17).

APPLICATION ADVANTAGES OF SEALLESS PUMPS:

® Nao leakage to the environment

® No losg of valuable liquids

® Lower noise levels

* High suction pressure does not affect the axial thrust

* Can handle liquids from 0 to 4 toxicity rating

® Because of no leakage, there is much less chance of a fire

® Easier to obtain construction permits and permits for continued operation
® Less external piping required

APFPLICATIONS THAT SHOULD BE REVIEWED BEFORE SEALLESS PUMPS ARE APPLIED:

® Dirty liquids
® High temperature

250
|
200&»:\4&&:&1 SEAL
N ; |
NSEALLESS e W o
150 =
) A7 T —
'j’_
MECH SEAL
100 .
/ra'
S SEALLESS
50
0
0 20 40 60 80 100 120 140 160

GALLONS PER MINUTE

FIGURE 17 Typical performance fors 1.5 % 1.0 = 6 pump at 3550 rpm, comparing characteristics for sealless
versus mechanical seal conatruction
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® Liguids that solidify

* Viscous liquids above 200 centipoise

¢ Oversize drivers that can cause decoupling during acceleration

o Cavitation of liguid in the impeller eye that can result in excess thrust
¢ Excessive entrained gas

FURTHER READING
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SECTION 2.2.3.2
CANNED MOTOR PUMPS

STEPHEN A. JASKIEWICZ

A canned motor pump (CMP) is a combination pump and induction motor built together
into a single hermetically sealed unit (see Figure 1), For single stage, centrifugal, canned
motor pumps (see Figure 2) the impeller (A) is normally of the closed type, and is mounted
on one end of the rotor shaft, which extends from the motor section into the pump casing.
The rotor (B) i& submerged in the fluid being pumped and is, therefore, “canned" to 1solate
the motor components from contact with the process fluid. The stator (C) is also "canned”
to izolate the motor windings from the fluid being pumped. Bearings (D) are submerged in
the system fluid and are continually lubricated. The puter stator band assembly (G) in con-
junction with a sealed electrical connection (F) provides a positive secondary containment
in the event of the primary containment, stator liner (E), failure.

The canned motor pump has only one moving part, a combined rotor-impeller assem-
bly that is driven by the magnetic field of an induction motor. A portion of the pumped
fluid is channeled to flow through the rotor cavity to cool the motor and lubricate the bear-
ings. For an external circulated pump a self-cleaning filter can be provided to remove any
solids from the recireulation fluid before it enters the bearing section of the motor. The sta-
tor windings and rotor armature are protected from contact with the recirculating fluid by
a corrosion resistant, nonmagnetic, alloy liner (E) which completely seals or “cans” the sta-
tor winding.

Canned motor pumps can be modified for pumping hot fluids, up to 1000°F (538°C),
volatile liguids, fluids with high melting points, liquids with solids, slurries and high pres-
sure system pressures. To be used in these types of applications the recirculation flow
must be conditioned to prevent any solids or vapors from entering or forming in the motor
section of the pump.

Because there is only one rotating assembly, canned motor pumps do not require shaft
or coupling alignments that are necessary for other types of pumps, Centerline supported
pump casings are also not required for pumping liquids at elevated temperatures since the
entire pump will “move” with the piping. Pumps can be installed in either the horizontal
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FIGURE2 Components of s canned motar pump (Teikoku Eleetrieal Manufacturing Carn.|

LIBERTY EXHIBIT 1017, Page 373



2,2.3.2 CANNED MOTOR FUMPS 2.351

or vertical position, pump casing up or down. Mounting in the vertical position offers the
advantage of greatly reducing the radial loads on the bearings. This feature is very sig-
nificant with high horsepower motars or when pumping liquids with very low viscogities.

BASIC DESIGN

Stator Assembly The stator assembly of canned motor pumps (see Figure 3) consists of
a set of one- or three-phase windings (A). Stator laminations (B) are constructed of low-
silicon grade steel. Laminations and windings are mounted inside the cylindrical stator
band (C). End bells (D and E), welded to the stator band, close off the ends of the stator
assembly. The stator liner (F) is supported on the outside diameter by the steel lamina-
tion of the motor. Backup sleeves (G) are provided to strengthen those areas of the stator
liner not supported by the stator laminations. The stator liner is, in effect, a cylindrical
“can” placed in the stator bore and welded to the rear end bell and front end bell shroud
to hermetically seal off the windings from contact with the liquid being pumped. Termi-
nal leads (H) from the windings are brought out through a pressure tight lead connector
(1) mounted on the stator band and terminated in an electrical conmection box.

Motors are designed and manufactured specifically for use in canned motor pumps or
components of conventional motors are modified. A wide variety of motor insulations are
available ranging from temperature limits of 266°F (130°C) to abave TO0°F (371°C).

Canned motor pumps can be documented and labeled for use in explosion proof loca-
tions. Because the pump and motor are one unit, the complete assembly must be tested
and approved for explosion proof applications. Explosion proof pumps are rated either as
Class 1, Group D, Division 1 or Class 1, Group C and D, Division 1.

Canned motor pumps perform very well when used with variable speed drives (VSDs).
Unless the motor windings and bearing support systems are specifically designed for high
speeds the gpeed range is usually limited to 1000 to 4200 revolutions per minuote (rpm).

Rotor Assembly . The rotor assembly is a squirrel cage induction rotor constructed and
machined for use in canned motor pumps (gee Figure 4), It consists of a machined corrosion
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resistant shaft (A), laminated core (B) with copper or aluminum bers and end rings, cor-
rosion resistant end covers (C), and a corrosion resistant sleeve (D), Various methods are
used to attach the impeller to the motor shaft (E),

The rotor end covers are welded to the shaft and rotor sleeve, which surrounds the out-
side of the rotor, thus hermetically sealing off the rotor core from contact with the liquid
being pumped.

Some manufacturers offer replaceable shaft sleeves (F) and axial thrust surfaces (G) for
longer service life and ease of maintenance. Shaft sleeves can be constructed entirely of a
hardened material such as silicon carbide and stellite or just the journal area can be
coated with a hardened material such as tungsten carbide or chrome oxide.

Bearings Only two bearings are required for most canned motor pumps. These bearings
are normally cooled and lubricated by the pumped fluid; therefore, the bearing material
must be compatible with the process fluid. A multitude of materials are available, such
as various grades of carbon graphite, antimony, silicon carbide, aluminum oxide and a
variety of polymers. Bearing selection is dependent on the compatibility with the process
fluid, the amount of solids present, and the pumping temperature.

A hydrodynamic bearing is the most common type of bearing used. The components of
the bearings are both stationary (connected to the stator) and rotating with the rotor
assembly. The fluid pumped fluid passes between the stationary bearing and shaft journal
hearing causing the rotating assembly to run on a thin film of liquid; this should prevent
contact between the journal and bearing. Most (stationary) bearings are grooved, sither
helical or straight grooves, on the inside diameter to increase the flow of process fluid
through the journal area, thereby inereasing the thickness of the fluid film and decreas-
ing the temperature of the bearings.

Internal Clearances The overall gap between the stator windings and the rotor arma-
ture is critical to the design and operation of the canned motor pump, Increasing the gap
between the iron of the motor windings and the rotor armature decreases the efficiency
of the motor. Materials of construction of the stator liner also have an effect on motor effi-
ciency. Stainless steels and Hastelloy are the most common materials used for stator lin-
ers and rotor sleeves. While stainless steel is less expensive, Hastelloy has higher
corrogion resistance, is a stronger material and has lower electrical losses. Motor efficiency
in canned motor pumps is not only important for energy cost considerations but also in
the amount of heat input to the recirculation fluid,

The stator liner is a wetted, pressure boundary component; typically ranges in thick-
ness from 0.010 to 0.040 in (0.254 to 1,016 mm), depending on the design pressure of the
pump and other construction factors. For higher-pressure applications, the liner may
remain at the same thickness, but its outside diameter is supported by the motor lamina-
tions and by backup sleeves located on both sides of the motor, By doing this, canned motor
pumps have been designed to withstand working pressures up to 8000 1b/in? with 0.015-in
(0.381-mm) stator liners, heavy walled backup sleeves, and reinforced stator cores.
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The rotor armature, also a wetted component, is protected from the process fluid by a
sleeve and two end covers. The thickness of the rotor sleeve typically ranges from 0.010 to
0.25 in (0.254 to 6,35 mm), The running clearance between the rotating motor armature
and the stationary stator liner is usually about 0.020 in (0.508 mm) diametrically.

The total diametrical clearance between the journal and bearings ranges from 0.0025
to 0.067 in (0.0635 to 1.702 mm), and sometimes higher, depending on the specific manu-
facturer’s design, bearing materials and power of the motor.

Secondary Containment Canned motor pumps offer a level of safety and process fluid
containment unavailable with any other type of pump. Positive secondary containment of
the process fluid is a built-in feature with canned motor pumps when the motor lead wires
are housed in a pressure-retaining lead seal. In the event of a failure of the primary con-
tainment shell (stator liner) the outer stator band becomes a secondary containment ves-
sel preventing the process fluid from entering the environment,

The outer stator band is far removed from the rotation element, making it impossible
for the rotating element to make contact. The secondary containment system should be
designed and tested to same pressure and temperature rating as the pump. Materials of
construction of the stator band assembly should also be considered when pumping a
highly corrosive fluid. When pumping dangerous fluids that require secondary contain-
ment, many users will install a device to detect the loss of the primary containment liner
to shut the pump down, The most common device specified is a pressure switch mounted
to the stator band assembly.

PRINCIPLE OF OPERATION

Flow Path Most canned pumps, when pumping relatively clean, nonvolatile fluids, will
channel a small portion of the process fluid through the motor section, This fluid cools and
lubricates the bearings and also removes heat generated by the motor. The circulation
path can be either external or internal to the pump, With external circulation (see Figure 5),
the recirculation fluid is piped outside of the pump, through a filter, then into the motor
section of the unit. The filter assembly (see Figure 6) is self-cleaning and located in the
discharge flange of the pump, Pumps having internal circulation have the recirculation

FIGURE & External circulation {Teikoku T75A Inc,)
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contained within the pump. Filtering the recirculation liquid is not available with inter-
nal circulation,

In either external or internal circulation, the flow path is from the high-pressure area
of the pump (pump discharge or pump chamber at the tip of the impeller) returning to the
low-pressure area (eye of the impeller), The amount of liquid recirculated through the
motor section ranges from 1 to 16 gpm (4 to 680 L/m) depending on the size of the pump and
the pressure developed by the liguid end.

Thrust Balance The most common type of bearings used in cenned motor pumps are
product lubricated hydrodynamic bearings. With these types of bearings, the rotating
assembly is allowed to float axially. This movement is know a8 “end play” and is defined
as the movement of the rotor, in the axial direction, between the forward and rear contact
points (normally the thrust bearings). A principle of hydraulic thrust balance is commonly
used to position the rotation assembly between the forward and rear mechanical contact
points. Based on hydraulic forces generated by the rotating impeller; automatic thrust bal-
ance is accomplished by the pressure of the pumped fluid. Pressure chambers are designed
either within the pump chamber using the movement of the impeller or rear of the pump
controlling the rate of return of the process fluid.

Figure 7 illustrates hydraulic thrust balance within the pump casing, Balance cham-
bers are located on the front and rear of the impeller. When a change in axial load changes
the position of the impeller, either forward or rear, there is an equalizing change of
hydraulic pressure in the balance chambers, which immediately returns the rotation
assembly into a balance position.

With the use of hydrodynamic bearings and hydraulic thrust balance, the rotating
assembly is “floating” in the pumped fluid with no mechanical contact. For this reason it
is best to operate canned motor pumps continuously or with a minimum of start-stops.

Applications Canned motor pumps can be used for every pumping application from
clean, nonvolatile fluids to highly volatile, high-temperature, high-pressure, and slurry
services. Numerous bearing and shaft materials are available along with various modifi-
cations to the internal bearing lubrication system to prevent vapors and solids from enter-
ing or forming in the bearing system.

When pumping volatile fluids, the motor section can be pressurized by an auxiliary
impeller located on the rotor, The recirculation fluid, which normally returns to the eye of
the impeller, is channeled to the pressurized section of the liquid end increasing the pres-
sure in motor section (see Figure 8). This design allows & volatile fluid to remain liquid
inside the motor cavity even with a temperature increase caused by motor heat. Another
method to handle fluids near their boiling point is to reverse the recirculation flow path.,
Instead of returning the heated liquid back to the eye of the impeller the recirculation hiquid
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FIGURE 8 Pressurized circalation (Teikoks USA Inc.
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FIGURE 8 Externstly cooled motor [ Teikoku USA Ine.)

exits the pump and is returned to the suction vessel. The reverse circulation option pro-
vides a continuous vent of the motor chamber.

For pumping fluids at temperatures above 400°F (200°C) water-cooled and non-water-
cooled designs are available, The water-cooled design isolates the motor and bearings
from the pumped fluid (see Figure 3), The circulating fluid in the motaor section is used for
lubrication of the bearings and cooling of the motor. This fluid remains in the motor sec-
tion and is circulated through the rotor cavity by an auxiliary impeller, which is an inte-
gral part of the rotor assembly. The fluid in the motor section is forced across the rotor and
through the bearings then through an auxiliary heat exchanger. The heat exchanger is
cooled by water or & suitable heat transfer fluid. The non-water-cooled design has a motor
insulation system constructed of materials designed to operate at high temperatures, The
material of the bearings must also be designed for temperatures in excess of 650°F
(350°C). The power lead connection is extended away from the motor so the electrical con-
niection box is at ambient temperatures (see Figure 10).

FIGURE 10 High fempersture non-water-cooled motar {Teikoku Electrical Manufacturing Corp, !
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The slurry design has the same modifications as the high-temperature, water-cooled
design with the addition of a closure seal between the motor and the pump to prevent any
solids from entering the motor chamber. This design completely isolates the slurry in the
pump casing from the liquid in the motor. A clean fluid is back flushed through the motor
to lubricate the bearings and vool the motor. A small portion of the flush fluid flows, passes
through the closure seal into the process fluid. The amount of liquid mixing with the
process fluid varies depending on the type of closure seal, but is usually muach less than
1 gpm (4 L/m).

Pressure-Temperature Profile The single most important consideration in the appli-
cation and successful operation of canned motor pumps is bearing environment control.
The process fluid cools and lubricates the bearings and removes the heat generated by
the motor. The fluid cooling the bearings must remain in & liquid state to provide ade-
quate bearing lubrication.

A number of variables must be considered when considering the condition of the recir-
culation fluid, These variables include; vapor pressure, specific heat, specific gravity, vis-
cosity, pump efficiency, motor efficiency, motor load, recirculation flow rate, and the
recirculation flow pressure, The physical properties of the fluid should be provided a=s a
function of temperature, Figure 11 illustrates the heat rise caleulations for a specific appli-
cation, Figure 12 is an example of & typical pressure-temperature profile of a sealless
pump. If the flow rate vanes, a profile should be calculated for each design condition.

A pressure-temperature profile should be caleulated for any application where there is
any doubt concerning the condition of the recirculation fluid. As a minimum it is recom-
mended to have a pressure-temperature profile for maximum, minimum, and design flow
and temperature conditions.

Installation Installation of a canned motor pump is much less costly than other pumps
because canned motor pumps do not require any special base plates or mounting pads. In
fact, many canned motor pumps are stilt mounted or bolted directly into the system pip-
ing. There is only one shaft in a canned motor pump, therefore, alignment is not neces-
sary nor 18 pump orientation. The unit can be mounted either horizontally or vertically,
with the pump casing up or down. The sleeved bearings are located in the bearing hous-
ing, Alignment of the bearings is accomplished by a regmtered fit between the bearing
housings and the stator assembly so all internal alignment is accomplished at final
gssembly,

Diagnostics Diagnostic systems are available to monitor and display the condition of the
internal wear components of the pump, More advanced diagnostic systems will continu-
ously indicate both axial and radial wear by manitoring the position of the rotating assem-
bly. Continuous wear indication allows the pump user to trend the wear of the pump and
schedule standard wear parts replacement long before a major failure would occur.
Remote outputs are also available on these diagnostic systems for the user to link the
pump wear data to a data control system (DCS). These outputs include a digital, RS-485
signal, an analog 4-20 mA, or a relay designed to shut down the pump or signal an alarm
when a certain amount of bearing wear has cccurred.

These diagnostic tools are the single most important advancement in the technology of
pumping equipment. Having access to data on the condition of the pump provides the user
with the opportunity to perform predictive and preventative maintenance on equipment
and systems. Figure 13 illustrates the type of information available when using an RS-485
output linked to a data collection system.

Industrial Standards Due to the unique design of canned motor pumps (pump and motor
combined into a single unit), they are designed to conform to many international stan-
dards. Motors can be supplied to meet many international standards as well, Third party
testing and certification are available from:

o Underwriter Laboratories (L)
® Factor Mutual (FM)
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Heat Rise Calculations
PUMP MODEL  NC-A60-10-N5
FLUID TRICHLOROSILANES
Bypass, GPM 0
CIRCULATION PATH STANDARD REVERSE PRESSURIZED
Desired Flow (GPM 300 300 300
TDH (F1) 240 240 240
Temperature, inlet (F) 150 150 150
Specific Heat, (btu/lb F) 0.26 0.26 0.26
pecific Gravity 1.24 1.24 1.24
Hydraulic Horsepower 22,5 22,5 22.5
Total Pump Flow (GPM) 300 300 300
Pump Efficiency - Note 1. 58 58 58
Motor Qutput (HP) _ 38.9 38.9 38.9
Delivered Pump Head, (FT) 240 240 240
Motor Efficiency - Note 3. 80 80
Motor Input (KW) 36.2 36.2|
Overall Efficiency 46.4 46.4
Impelier Diameter (IN) 8.5 8.5
Motor Circulation Flow (GPM) 7
Process Wire-Water EfT. 46.4 46.4 46.4
Total Circ rate (GPM) - Note 2, 9 __6| 6
Suction Pressure Pé]% at NPSH= 61 Fil 77.3 77.3 77.3
TEMPERATURE RISE
Standard circ (pump) 1.4 0.8 1.4
temp. pump exit 151.4 150.8 151.4
circ flow (motor) 23.2] 25.6 25.6
total temperature rise 24.6 26.4 26.9
max temp. circ. flow 174.6] 176.4 176.9
Est. P vap, psia 63 64.6
Percent max circ flow 0.9
in, Motor pressure, psi 112.1
[Circ press/ é'ﬁercnnal 0.27
Note 1. Efficiency at "Total pump flow"
Note 2. Total Circ Flow includes front bearing flow (does not affect temp rise).
Note 3. Motor efficiency includes windage loss (correct for specific gravity)
Note 4. System heat added with reverse circulation is "total heat" less "motor heat".
HEAT BALANCE
Taotal heat input (btwmin) 1104.7 1104.7 1104.7)
Standard circ (pump) 1105.9 645,5 1105.9

FIGURE 11 Heat rise (Chempump, a Divigion of Teikoku USA Ine.}

LIBERTY EXHIBIT 1017, Page 381



2,9.8.2 CANNED MOTOR PUMPS 2.359

Pressurized Circulation Pressure Profile
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FIGURE 12 Pressure-temperature profile (Chempump, & Division of Tetkoku USA Ine.}
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FIGURE 13 Rotor position suiput date

¢ Canadian Standards Association (CSA)

o Japanese Industrial Standards (JIS)

e ATEX

e CE

¢ Tnstitute of Electrical and Electronics Engineers (IEEE)

Materials can be purchased to meet the standards of the American Society of Testing
and Materials (ASTM), Certified Material Test Reports (CMTR) can also be supplied.
Designs can conform to:
* American Society of Mechanical Engineers (ASME NCA-4000)
® Canadian Standards Association (CSA-Z299.3)
* Military Standard (MIL-1-45208)
Complete pumps can meet the requirements of!
* ANSV/HI 5.1-5.6-2000, "American National Standard for Sealless Centrifugal Pumps”
* ASME-B73.3-3M-2003, “Specification for Sealless Horizontal End Suction Centrifugal
Pumps for Chemical Process”
* API Standard 685, “Sealless Centrifugal Pumps for Petroleum, Heavy Duty Chemical
and Gas Industry Services”
* IS0 15783-2002, “Sealless Rotodynamic Pumps-Class II”

* [SO 13709-2003, “Centrifugal pumps for petroleum, petrochemical and natural gas
industries”
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FURTHER READING

American National Standard for Sealless Centrifugal Pumps, ANSI/HI 5.1-5.6-2000,
Hydraulic Institute, Parsippany, NJ. www.pumps.org.

Hydraulic Institute ANSI/HI 2000 Edition Pump Standards, Hydraunlic Institute,
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Sealless Pumps for Petroleum, Heavy Duty Chemical, and Gas Industry Services, API Stan-
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International Organization of Standards, ISO 15783:2002 and 13709:2003. 1 rue de
Varembe, Case postale 56, CH-1211 Geneve 20, Switzerland. www.iso.org.

Jaskiewicz, 8., and Rosenbaum, M. “Intelligent Sealless Pumps—A Unique Evolution.”
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SECTION 3.1
POWER PUMP THEGRY

WILLIAM K. CHAPLIS
FREDERIC W. BUSE

A power pump is a positive displacement machine consisting of one or more cylinders, each
containing a piston or plunger. The pistons or plungers are driven through slider-crank
mechanisms and a crankshaft from an external source. The capacity of a given pump is
governed by the rotational speed of the crankshaft.

Unlike a centrifugal pump, a power pump does not develop pressure; it only produces a
flow of fluid. The downstream process or piping system produces a registance to this flow,
thereby generating pressure in the piping system and discharge portion of the pump. The
flow fluctuates at a rate proportional to the pump speed and number of cylinders. The
amplitude of the fluctuations is a function of the number of cylinders. In general, the greater
the number of cylinders, the lower the amplitude of the flow variations at a specific rpm.

All power pumps are capable of operating over a wide range of speeds, thereby making
it possible to produce a variable capacity when coupled to a variable speed drive. Each pump
has maximum suction and discharge pressure limits that, when combined with its maxi-
mum speed, determine the pump’s power rating. The pump can be applied to power condi-
tions that are less than its maximum rating but at a slight decrease in mechanical efficiency.

The power pump is a positive displacement device. When operating, it will continue to
deliver flow independent of the pressure in the discharge piping system. Unlike a centrifu-
gal pump, a power pump will not “deadhead” or “go back on its curve” in response to increas-
ing discharge pressure. When this pressure exceeds the design limits of the pump,
mechanical failure—often catastrophic—will result. For this reason, all piping systems incor-
porating power pumps must have discharge pressure relief devices to limit the pressure in
the piping system and avoid pump failure. These devices must be located between the dis-
charge connection on the pump and the first isolation valve in the piping system.

This section has been organized to provide sufficient power pump theory to properly
select a pump for most applications. It is recognized that the proper pump metallurgy for
the pumped fluid must be used, but due to the vast number of possible fluids, selection of
pump metallurgy is outside the scope of this section.
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The subject of Net Positive Suction Head (NPSH) is mentioned in several places in this
section and is covered in more detail in Section 3.4, “Displacement Pump Performance,
Instrumentation, and Diagnostics.” For basic power pump selection, it is only necessary to
understand that the NPSH available from the suction system must be sufficiently above
the NPSH required by the pump to operate properly.

SELECTION THEORY

Power Brake horsepower (bhp) is a function of a pump’s capacity (flow rate), differential
pressure, and overall efficiency. It is an essential criterion for selecting the drive compo-
nents but is not valuable for pump selection. A large pump operating well below its design
rating can meet the same horsepower requirements as a smaller pump running at a higher
speed. Unless the application requires a derated pump, it is usually more economical to
select a pump at the upper end of its design rating.

The brake horsepower for the pump is

In USCS units bhp = (@ x Ptd X 100)/(1714 X OF)

In SI units EW = (Q X Ptd X 100)/(36 X OF)

where @ = delivered capacity (flow rate), gpm (m?h)
Ptd = differential pressure (discharge — suction), Ib/in? (bar)
OFE = overall efficiency, %

NOTE: One bar equals 10° Pa.

Capacity The capacity @ is the total volume of fluid delivered per unit of time. This fluid
includes liquid, entrained gases, and solids at the specified conditions.

Displacement Displacement D, gpm (m?h), is the calculated capacity (volume flow rate)
of the pump with no slip losses. For single-acting plunger or piston pumps, this is

In USCS units D=AXmXnXs/231
In SI units D=AXmXnXsxX6x10°
where A = cross-sectional area of plunger or piston, in? (mm?)
m = number of plungers or pistons
n = rpm of pump

s = stroke of pump, in (mm) (half the linear distance the plunger moves in one
revolution)

231 = in%/gal
For double-acting plunger or piston pumps, this is

In USCS units D =(2A —a)m X n X s/231
In SI units D=(2A-amXnXsx6x107°

where a is the cross-sectional area of the piston rod, in? (mm?).

Pressure The pressure Pid used to determine brake horsepower is the differential pres-
sure or discharge pressure minus the suction pressure. In most applications, the suction
pressure is small relative to the discharge pressure. However, when pumping some com-
pressible liquids, such as methane and propane, the suction pressure may be 20 to 30%
of the discharge pressure. For accurate brake horsepower calculations, always include the

suction pressure. Figure 1 shows a typical performance curve for a QQWERPYVRBHIBIT 1017 Page 387
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POWER, kW
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FIGURE 1 Typical power pump performance: brake horsepower versus gallons per minute (kilowatts versus m°h)
based on zero slip (Flowserve Corporation)

Slip Slip (S) is the loss of capacity due to internal and external pump leakage. External
leakage occurs primarily through the stuffing box via the packing. Internal leakage is pri-
marily the backflow past the suction and discharge valves. Backflow occurs when a valve
remains open for a fraction of a second as the plunger or piston reverses direction. A small
amount of leakage may occur across the piston in a double acting pump from the high
pressure side to the low pressure side. Slip is expressed as a percentage loss of the dis-
placement flow rate and is typically 1 to 4%:

S =100 X (B +V +L)/D

where S = Slip, %
B = Leakage through the stuffing box
V' = Backflow across the valves
L = Internal leakages

Fluid viscosity, pump speed, and discharge pressure can all have an effect on slip,
which is shown in Tables 1 and 2.

Mechanical Efficiency The mechanical efficiency of a power pump is
In USCS units ME = displacement power/power in= Py;;/P;,,= D X Pdt/1714 X P,
In ST units ME = displacement power/power in = Py,,/P,, = D X Pdt/36 X P,,
where P, is the input power from the driver, bhp (kW).

The mechanical efficiency of a power pump is the sum of all the frictional losses in the

fluid and power ends. These include the plungers and packing, the crossheads, the rod
seals, and the bearings. The efficiency of a single acting pump often exceeds 90%, while a

TABLE 1 Slip in a pump with a plate valve

Centistokes 100 1,000 2,000 6,000 10,000 12,000

Slip, % 8 B.5 9.5 20 41 61
CIBERTY EXHIBIT 1017, Page 388
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TABLE 2 Slip as a function of pump speed and pressure

Slip, %
Pressure, Ib/in? (bar) At440rpm At390rpm At 365 rpm
4000 (275) 11 22 34
3000 (207) 9 20 31
2000 (138) 7 18 30
1000 (69) 7 15 275

double-acting piston pump will be 88% due to the additional piston and rod seals. If the
pump is equipped with internal gearing, an additional 2% loss is common.

Most power pumps are designed to accept a range of plunger or piston sizes. When the
larger plungers are used, the increased diameter of the packing/seals and plunger/liners
will result in higher frictional losses than with smaller components. As a rule, doubling the
plunger/piston diameter will decrease the mechanical efficiency by 8%. Mechanical effi-
ciency is also affected by speed and, to a lesser extent, by developed pressure, as indicated
in Tables 3 and 4.

Speed Pump speed, or, more correctly, stroke rate, is one of the most critical selection
criteria for power pumps. The rotating and reciprocating parts of the power end, as des-
ignated, are often capable of speeds twice that of the actual pump rating. The maximum
pump speed is determined by the design of the fluid end, the hydraulic capability of the
anticipated suction system, and the required life of the plungers, packing, and valves. Most
power pump standards limit the plunger speed from 140 to 280 fi/min (0.71 to 1.42 m/s).
The plunger speed is

In USCS units Sp =sXn/6
In ST units Sp = s X n/30,000
where Sp = plunger or piston speed, ft/min (m/s).

s = stroke of the pump, in (mm) (half of the linear distance the plunger or
piston moves in one revolution)

n = rpm of pump

All pumps have a minimum speed limit, usually determined by a decrease in the ade-
quate lubrication to the bearings in the power end.

Volumetric Efficiency Volumetric efficiency (VE) is the ratio of the discharge volume to
the suction volume, expressed as a percentage, plus the slip. It is proportional to the ratio
r and the developed pressure where r is the ratio of the internal volume of fluid between
valves when the plunger or piston is at the top of the peak of its back stroke (C + D) to the
plunger or piston displacement (D) (see Figure 2).

Since the discharge volume cannot be readily measured at discharge pressure, it is
taken at suction pressure. Taking the discharge volume at the suction pressure results in
a higher volumetric efficiency than using the calculated discharge volume at discharge

TABLE 3 The effect of speed on mechanical
efficiency at a constant developed pressure

% of full speed 44 50 73 100
ME, % 93.3 92.5 92.5 92.5

LIBERTY EXHIBIT 1017, Page 389




3.1 POWER PUMP THEORY 3.7

TABLE 4 The effect of pressure on mechanical efficiency at constant speed

% of full-load developed pressure 20 40 60 80 100
ME, % 82 88 90.5 92 92.5

pressure because of fluid compressibility. Compressibility becomes important when pump-
ing water or other liquids over 6000 1b/in? (414 bar), and it should be taken into consider-
ation when determining the actual delivered capacity into the discharge system.
Figure 3 shows the approximate volumetric efficiency for water (not including slip).
Based on the expansion back to suction capacity,

VE=100 X (1 - Ptd X B8Xr)/(1-PtdxB)— 8
Based on discharge capacity,
VE=100 X (1 -PidxBxr)—8

where 8 is the compressibility factor of the liquid being pumped. Figure 4 shows approxi-
mate values of 3 for various liquids.

When the compressibility factor is not known, but the suction and discharge density
can be determined in pounds per cubic foot, the following equations can be used for calcu-
lating VE:

Based on suction capacity,

VE =100 X [r — (ps/p}r —1)] — S
Based on discharge capacity,
VE =100 X [1 —r(1 — p/ps)] — S

where p, = suction density
p; = discharge density
S =slip

Torque The average torque required by a power pump is independent of the pump
speed, assuming the suction and discharge pressures are held constant. This means that
the pump is a “constant torque” device and, unlike a centrifugal pump, will have a flat
speed-torque curve. The torque required at the input shaft is as follows:

In USCS units M = p X 5250/n
In SI units M = p X 9.549/n
where M = pump torque, lb-ft (N - m)

n = speed, rpm

p = power, bhp (kW)
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FIGURE 2 The ratio r (Flowserve Corporation)
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YOLUMETRIC EFFICIENCY, %
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FIGURE 3 Volumetric efficiency (Flowserve Corporation) (Ib/in? X 0.69 = bar)

Break-away torque, or start-up torque, is the torque required to initiate the motion of
the pump to enable it to accelerate to a constant speed. If the pump is started against an
open bypass to pump suction, the torque requirement is 25% of the running torque. If the
pump is started against full discharge pressure, the torque requirement is 125% of the
running torque. When selecting a drive system, the break-away torque of the pump must
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FIGURE 4 Compressibility factor (Flowserve Corporation) {bar X 14.5 = lb/in®
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TABLE 5 The pulses per revolution and pulse amplitude for various pump types

Pump Type No. of Cylinders  Pulses per Rev.  Pulse Amplitude
Duplex, double-acting 4 8 +24% - 22%
Triplex, single-acting 3 6 +6% — 17%
Quintuplex, single-acting 5 10 + 2% - 5%
Septuplex, single-acting 7 14 +1.2% — 2.6%
Nonoplex, single-acting 9 18 +0.6% — 1.5%

be considered. Special “high torque” motors are often required if the pump is to be started
under the load.

If a variable frequency drive (VFD) is used for pump speed/capacity control, torque fluc-
tuations or pulsations may require the drive manufacturer to provide special electronic
dampening circuits. The normal pulsating flow of the pump causes the input power to fluc-
tuate at approximately the same magnitude as the flow pulses. The frequency of these
pulses per revolution of the crankshaft is twice the number of cylinders (see Table 5).

If the pump has internal gearing, or if the pump is being driven by an external gear
reducer, the torque pulsation values listed should be divided by the gear ratio.

Derating Power pumps can be derated in order to achieve acceptable performance or
part life in a variety of special applications. The most common derating is pump speed.
Experience has shown that the life of fluid-end expendable parts, such as plungers, pack-
ing, and valves, can be extended if the pump speed/plunger velocity is reduced when
pumping certain fluids. Some guidelines for acceptable plunger speeds are shown in
Table 6.

Pumping high-viscosity fluids may also require the speed of a power pump to be der-
ated. Some attempts have been made to establish standards for speed derating as a func-
tion of the fluid viscosity. Unfortunately, these methods have been based on power pump
designs that were established for water or similar low-viscosity services. If a pump has
been designed specifically for a high-viscosity service, only moderate speed derating may
be required. Generally, pumps designed with large internal fluid passages, low-valve veloc-
ities, and larger plungers or pistons will need less derating.

Power pumps should be derated for a rod load if system or process “upsets” cannot be
avoided. These are usually applications where the gas content of the pumped fluid can
lead to abnormal pressure pulsations or cavitations in the fluid cylinder.

TABLE 6 Guidelines for acceptable plunger speeds

Fluid

Cold water
Hot water 140-194°F (60-90°C)
Hot water over 194°F (90°C)

Plunger Speed, ft/min (m/s)

315-354 (1.6-1.8)
217-256 (1.1-1.3)
157-217 (0.8-1.1)

Salt water 236-276 (1.2-1.4)
Cold oil 315-354 (1.6-1.8)
Hot oil 256-295 (1.3-1.5)
Crude oil 217-276 (1.3-1.5)
Liquid ammonia 197-236 (1.0-1.2)
Carbamate 138-158 (0.7-0.8)
Slurry 158-197 (0.8-1.0)
Fatty acid 236-295 (1.2-1.5)
Light hydrocarbons 177-236 (0.9~1.2)
Glycol 256-295 (1.3-1.5)
High-viscosity liquids 138-197 (0.7-1.0)
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FLUID END THEORY

Pumping Cycle Unlike the relatively smooth, continuous flow of fluid through a cen-
trifugal pump, the flow of fluid through a power pump occurs in a transitory dynamic con-
dition called a pumping cycle. The event that initiates this cycle is the linear movement
of the plunger or piston. In Figure 5, r is the radius of the crank in feet (meters), L is the
length of the connecting rod in feet (meters), C equals L / r, and w equals (27 / 60) X rpm.
Thus, X , the linear movement of the piston or plunger is

X=r

2
1-cosf + L(l— 1- r—z(sin 6)2)}
L

As the plunger (or piston) withdraws from the fluid cylinder or pumping chamber, the
volume of the cylinder increases. The pressure in the cylinder decreases in response to the
increased volume. Since most of the fluids handled by power pumps are relatively incom-
pressible, very little plunger movement is required to cause a pressure drop. When the
cylinder pressure drops sufficiently below suction pressure, the differential pressure
begins to open the suction valve. The valve opens gradually and smoothly at the start of
the suction stroke because the velocity and acceleration of the plunger are small,

Fluid flows through the suction valve assembly, following the plunger and filling the
cylinder. As the plunger decelerates at the end of the suction stroke, the suction valve
gradually returns to its seat. Ideally, the suction valve is completely closed as the plunger
comes to a stop.

The motion of the slider-crank mechanism causes the plunger to reverse direction and
start its discharge stroke. The fluid trapped in the fluid cylinder is compressed until the
cylinder pressure exceeds the discharge pressure by an amount sufficient to begin to open
the discharge valve. As with the suction valve, the discharge valve continues to open until
it reaches its travel limit or until the velocity of fluid through the valve becomes constant.
As the plunger decelerates, the valve moves back toward its seat. Again, ideally, the dis-
charge valve closes when the motion of the plunger stops.

The number of pumping cycles in a single revolution of the crankshaft is the same as
the number of cylinders in the pump. Every cylinder will “pump” in a sequence determined
by the “firing order” of the crankshaft. The cylinders are arranged in parallel, with each
one discharging into a common discharge manifold. In industry terms, the pump is usually
identified by the number of plungers or pistons on the crankshaft. They are the same for
single- or double-acting pumps (see Table 7).

Pulsations The pulsating characteristics of the fluid flowing into and out of power
pumps are significantly influenced by the number of plungers or pistons. Discharge flow
pulsations are the most critical because of the high energy potential generated when the
system resistance reacts with the flow to create pressure. Since the magnitude of the dis-
charge pulsation is mostly affected by the number of cylinders, increasing the number of
¢ylinders will reduce the flow pulsations.

DISCHARGE VALVE

PLUNGER

SUCTION VALVE
FIGURE 5§ Slider-crank mechanism
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TABLE 7 Industry terms for the number of plungers or pistons

Number Term

1 Simplex

2 Duplex

3 Triplex

4 Quadruplex
5 Quintuplex
6 Sextuplex

7 Septuplex

9 Nonuplex

The acceleration and velocity of the plunger or piston will determine the rate that the
fluid is discharged from the cylinder. The approximate velocity of the plunger or piston is

dx . sin 26
= —_— = +
S ot r(sm ] 20 )a)
The approximate acceleration of the plunger or piston is

_d% ( cos.‘ZB) 2
Cp_dtz_ cosQ+—C )

The momentary rate of discharge capacity is the cross-sectional area A of the plunger or
piston times velocity:

For single-acting plunger or piston A =0.785 x D?
For double-acting piston A—-a=0785(D*-d%

The total discharge @ is equal to ALS ', where S ' is the number of effective strokes in
a given time. The quantity @ is the area of the curve, the mean height of which is

Total @/t = ALS'/t = ALS"

where S” is the number of strokes per second and ¢ is time in seconds.

Figures 6 and 7 show discharge rates for two types of pumps. Tables 8 and 9 show how
variations from the mean are related to the change in the number of plungers with a C of
approximately 6:1. This shows that pumps with an even number of cylinders have a higher
flow variation than pumps with an odd number of cylinders. Table 9 shows the variations
in a triplex with changes in C = L/R.

Valves A pump valve in its simplest form is a free-moving plug that is opened when the
force of the liquid below the valve exceeds the force of the liquid above it. When the force
above the valve becomes greater than the lower, the plug closes and forms an effective seal
to fluid “backflow” and pressure loss. If the valve does not perform this function efficiently,
the performance of the pump can be degraded to the point where no flow is produced.

EVARIATION ABOVE MEAN
[VhﬂlATION BELOW MEAN

FIGURE 6 The discharge rate for a single double-acting pump (Flowserve Corporation)
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VARIATION ABOVE MEAN

MEAN

——— —

| E—
0 80 120 8O 240 300 360

he—120" 120" —]

VARIATION BELOW MEAN

FIGURE 7 The discharge rate for a triplex single acting pump (Flowserve Corporation)

A valve will be in equilibrium when the forces above and below the valve are balanced

(see Figure 8):

Equilibrium = P; X A; = P, X A, + §; + M

where P = the pressure below the valve
A = the area below the valve exposed to P
P = the pressure above the valve
A = the area above the valve exposed to P
S; = the force of the valve spring (if any)

M = the mass of the valve and half the mass of the spring

The significance of this simple equation becomes apparent when you remember that
the valve is operating in a dynamic environment of constantly changing pressures in a
time frame that is measured in tenths of a second. Add to that the requirement that the
valve must pass a volume of fluid in each opening cycle with minimal pressure drop, and
it becomes clear that the pump valve is the most critical component in the fluid end in

terms of pump operability.

The pump designer will size the valves to provide a flow area, called the spill area, that
prevents preestablished velocity limits from being exceeded. The spill area of various valve
types is given in Table 10. The velocity of the fluid flowing through the spill area is called

the spill velocity, V, shown in Table 11:

In USCS units V (ft/sec) = gpm through the valve X 0.642/spill area of the valve, in?

In SI units

V (m/s) = m®/h through valve X 555.6/spill area of the valve, mm?

The quantity 0.642 (555.6) is used because all the liquid passes through the valve in

half the stroke.

Valve Dynamics Valve dynamics is the mechanical response of the valve to the changes
of pressure across the valve, Using a suction valve as an example, the valve starts its cycle

TABLE 8 The effect of the number of plungers on variations in capacity from the

mean (C is approx. 6:1)

Number of % % Total  Plunger
Type Plungers Above Mean  Below Mean % Phase
Duplex 2 24 22 46 180 deg.
Triplex 3 6 17 23 120 deg.
Quadruplex 4 11 22 33 90 deg.
Quintaplex 5 2 5 7 72 deg.
Sextuplex 6 5 9 14 60 deg.
Septuplex 7 1 3 4 51.5 deg,
Nonuplex 9 1 2 3 40 deg,
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TABLE 9 The effect of change in C on variations in
capacity from the mean for a triplex pump

C % Above Mean % Below Mean Total %
4:1 8.2 20.0 28.2
5:1 7.6 17.6 25.2
6:1 6.9 16.1 23.0
7:1 6.4 15.2 21.6

when the valve is closed and the plunger is at the start of its suction stroke (maximum
insertion into the cylinder). As the plunger starts withdrawing from the cylinder, the inter-
nal volume in the cylinder starts to increase. This increasing volume results in decreas-
ing cylinder pressure that, in turn, hydraulically unbalances the valve and the valve
begins to open. There is usually a slight lag in the valve opening versus the start of the
plunger motion of about 5 to 20° of crankshaft rotation. Traditionally, the opening valve
lag is attributed solely to the inertia required to set the valve in motion and the preload
of the valve spring. In the last few years, the theory of valve stiction has been proposed as
an additional cause of valve opening lag.

Valve stiction, as the name implies, can be an additional force to overcome when the
valve is trying to lift off its seat. One version of the theory is that a cohesive force exists
between the fluid molecules and the sealing surfaces of the valve and seat. This can be
demonstrated by trying to separate two wet, highly machined plates. The second stiction
theory focuses on possible fluid dynamic conditions that may occur as fluid starts to flow
across the valve seat. Valve seats do not have “knife edge” sealing surfaces; they have a
width that distributes the stresses in the valve and seat. The stiction theory postulates
that the flow of fluid from the smaller area at the center of the seat to the larger area
around the seat causes a pressure drop across the seat. The pressure drop is the result of
the radial divergence of the fluid and is strong enough to momentarily prevent the valve
from opening. Extreme cases have even resulted in a circumferential ring of cavitation
located at the center of the sealing areas of the seat and valve.

Field testing valves with special grooves and radial slots in the sealing face has proven
successful in reducing stiction and opening valve lag in some cases. Narrowing the seal-
ing faces may also prove effective, although part life may decrease due to increased stress
and decreased wear area. Additional computer modeling and testing is required before the
stiction theory can be completely validated.

As the valve continues to open, the spill area increases proportionally. It must be
remembered that fluid is now flowing through the valve at an increasing rate while try-
ing to fill the expanding cylinder volume created by the plunger withdrawal. Ideally, the
motion of the valve will exactly correspond to the flow rate of the fluid through the valve,
and the valve follows a smooth trajectory to a full open position (see Figure 9).

FIGURE 8 Force balance of a typical valve
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TABLE 10 Types of valves and their applications (Flowserve Corporation)

IYPE SKETCH PRESSURE, APPLICATION
. PS! (BAR
S-SEQTLA:FEEA £si BaR) CLEAN FLUID, PLATE
A (S METAL OR
PLATE B 5000 | PLASTIC
(345)
7/']-A-V/"—F
CLEAN FLUIDS.
CHEMICALS
WING 10,000
(690}
FLUIDS WITH
PARTICLES.SLETAR,G
CLEAN FLUID AT HIGH
BALL 30,000 | FRESSURE. BALL i5
{2,069} | cHROME PLATED
CHEMICALS
PLUG 6,000
2V @
Z Z
% ’5‘%%&.352#5 ?A.FI;I 12
| -12.
INSERT )’ POLYURETHANE OR
SLURRY /‘ 2[%57%()3 BUNA-N INSERT

This idyllic situation only occurs in very slow running pumps that are fitted with over-
sized valves. In modern higher speed pumps, the valve often accelerates at a rate fast
enough to create a spill area greater than that required to maintain a constant flow veloc-
ity. At this point, the valve motion momentarily stops, and the valve may even start to
close before the fluid flow once again matches the spill area. The valve then returns to the
smooth trajectory until the maximum valve lift occurs.

After the plunger passes the mid point of its stroke, it starts decelerating. The flow of
fluid through the valve is high enough to start to build pressure in the cylinder and unbal-
ance the valve and start the valve closing. The valve spring has reached its maximum com-
pression and, if properly designed, will help accelerate the valve back toward the seat.
When the plunger reaches the end of the suction stroke, the valve should also be closing.
The amount of erankshaft rotation that occurs between the time when the plunger reaches
the end of its stroke and when the valve is completely closed is called the delayed valve
closing and is normally 2 to 12° of crank rotation. Although a delayed valve opening may
have little effect on overall pump performance, a delayed valve closing certainly will. A
valve that is partially open when the plunger reverses direction will result in backflow.
Backflow, as the name implies, is the reverse flow of fluid back across the valve and results
in lower pump volumetric efficiency.

TABLE 11 Valve spill velocities

Valve Spill velocity, ft/s (m/s)
Clean liquid suction valve 3-8(0.9-2.4)
Clean liquid discharge valve 6-20 (1.8-6)
Slurry suction and discharge valve 6-12 (1.8-3.7)
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FIGURE 9 Valve lift versus crank angle (in X 2.54 = cm)

Many pump valves are designed with mechanical limits to the distance that the valve
is allowed to open or lift. This is normally done to avoid overstressing the valve spring and
to minimize the overall height of the valve assembly. Valve motion for a valve designed
with a mechanical stop is shown in Figure 10. Another advantage of this design is that the

valve does not have to travel

as far during its closing cycle, compared to valves with no

mechanical limits. The disadvantage is the potential for impact damage to the valve if it
strikes the stop with excessive force.
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FIGURE 10 Valve lift versus crank angle for a valve with a mechanical stop (in X 2.54 = cm)
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The importance of valve mass to overall valve dynamics has been the subject of much
debate among pump designers over the years. There is no question that the mass of the valve
must be overcome in order to open the valve. Test data are also available that shows no appre-
ciable difference in the performance of pumps fitted with hollow ball valves versus identical
pumps with solid ball valves. This apparent contradiction can be explained by studying valve
acceleration at various parts of the valve cycle using advanced computer modeling.

It has already been explained above why a valve can hesitate, or stop opening, during
the opening portion of its cycle. It’s also been stated that when the valve spill area is large
enough to establish a hydraulic balance, the valve will stop opening. What actually occurs
is the valve starts decelerating as it comes closer to hydraulic equilibrium. If the valve is
properly designed, it will contact its mechanical stop just as its acceleration/deceleration
is very low. In that case, the valve mass has little significance on the impact force of the
valve on the stop. The same holds true of the impact force of the valve on the seat as it
closes. If the valve is properly designed, a 62-1b (28-kg) solid ball valve operating at
100 cycles per minute can strike the seat with less than 20 1b (9 kg) of force.

Although pump valves operate in a liquid medium, the shape of the valve is not an
important design consideration for most applications. The relatively small distance that a
valve travels is not sufficient for the fluid dynamics of a shape to have a measurable effect
on valve dynamics. The only exception to this is valves in pumps handling high-viscosity
liquids. For these applications, the ball valve, often spring-loaded, has proven to reduce
closing valve lag and increase volumetric efficiency better than any other type of valve.

The most critical component in the optimization of valve dynamics is the valve spring. The
pump designer normally selects a valve spring that will exert a certain amount of “pre-load”
on the valve when it is closed. This pre-load helps the valve to close smoothly on the seat and
avoid rebound (and possible backflow). Too high a preload in the suction valve may result in
higher net positive suction head required (NPSHR). In the discharge valve, excessive preload
can cause abnormally high pressure spikes in the fluid cylinder just before the valve opens.

The other valve spring design criterion is the spring rate. Every compression spring
develops a predetermined resistance per unit length. This value is expressed in pounds per
inch (kg per cm). As the valve is opening, the increasing spring force helps the valve obtain
hydraulic balance faster. It also helps to limit the impact force of the valve on the stop. At
the start of the closing cycle, the stored energy in the compressed spring helps the valve
respond faster to the pressure changes in the fluid cylinder as the plunger starts to decel-
erate. Again, if the spring is properly designed, the closing valve lag will be minimized.

No published guidelines exist for the proper amount of valve spring pre-load or spring
rate. Most pump designers use proprietary values, generated through a combination of in-
house and field testing. However, although these values produce low NPSHR and high vol-
umetric efficiency in most cases, the valve dynamics may not be close to being optimized.
It should also come as no surprigse that pumps fitted with “off-the-shelf” commercially
available valves do not operate as well as pumps having optimized valve dynamics.

With the recent advent of advanced computer modeling of pump valves, it is now pos-
gsible to optimize valve dynamics for a specific set of pump operating parameters. We may
also see valve designs in the near future having variable rate valve springs, hydraulic
dampening, and mechanisms that induce rotation as the valve opens and closes.

POWER END THEORY.

The power end or drive end of a power pump consists of a crankshaft, connecting rods,
crossheads, and bearings, all housed in a rigid structure referred to as the frame. Details
of the design and construction of these components are covered in Section 3.2, “Power
Pump Design and Construction.” The slider-crank mechanism that converts rotational
driving energy to the reciprocating motion that actuates the pistons or plungers can be
found in reciprocating gas compressors, automotive engines, and stationary and marine
engines. However, the stress loading pattern of power pump components is unique to this
type of mechanism.
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FIGURE 11 Power end, horizontal pump (Flowserve Corporation)

Applying Rod Load to the Power End As stated earlier, the loading on the power end
is called the rod load and is the product of the area of the plunger multiplied by the max-
imum discharge pressure. In a gas compressor or engine, this loading increases over 90 to
180° of crank rotation before maximum loading is reached. In a power pump, the maxi-
mum loading is reached in less than 30° of crank rotation due to the relative incompress-
ibility of the pumpage. Since this loading cycle is repeated with each plunger stroke, the
actual loading resembles a shock load more than a simple cyclic fatigue load. The design
criteria for the stressed components of the power end must therefore include the mater-
ial’s capability to absorb shock loads and overall safety factors greater than 3:1.

Another critical factor in the capability of the power-end components to handle the rod
load is how the load is applied. Figures 11 and 12 show the direction of the load on the
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FIGURE 12 Power end, vertical pump (Flowserve Corporation)
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frame and connecting rod for two different power end configurations. On vertical pumps
with outboard packed stuffing boxes, the frame is in compression and the crosshead and
connection rod are in tension. With horizontal, single-acting pumps, the frame is in ten-
sion, and the crosshead and connecting rod are in compression. The material selection and
factors of safety must be altered accordingly.

Liquid Separation from the Plunger It has already been explained that fluid flows
through the suction valve (and suction manifold and related piping) to fill the increasing
cylinder volume caused by the withdrawal of the plunger. If the plunger accelerates faster
than the flow of incoming liquid, the liquid will lose contact or separate from the plunger.
The void that forms will be at a pressure lower than anywhere else in the cylinder. If the
pumpage containg entrained gas, the gas may come out of a solution in this low-pressure
area. The gas bubbles, when recompressed later in the plunger stroke, can cause cavita-
tion damage to the plunger and surrounding cylinder.

The geometry of the slider-crank mechanism affects the point at which liquid separation
occurs. As the ratio of the connecting rod length to the crank radius increases, the pump
speed at which liquid separation occurs will decrease. Since liquid separation can be the
determining factor in a pump’s NPSHR, the pump designer must carefully evaluate the
slider-crank geometry in order to optimize the pump’s hydraulic performance. The pump
speed at which water will separate from the end of the plunger can be calculated from the
following:

(34 — h, - h))A,
LR[I ~ (I/LR)IA,

(10.36 — &, - h))A,
LR[l - (JLR)A,

In USCS units: rpm = 54.5\/

In SI units: rpm = 16.6\/

where A&, = suction head, ft (m)
h, = piping frictional loss, ft (m)
A, = area of suction pipe, in? (mm?)
L = length of connecting rod, centerline to centerline, ft (m)
R = crank radius, ft (m)
[ = length of pipe where resistance to flow is to be measured, ft (m)
A

, = area of plunger, in? (mm?)

Unbalanced Forces Due to the relatively slow speed of & power pump, the inertia loads
of the rotating/reciprocating parts are low enough to avoid the vibration problems asso-
ciated with centrifugal pumps. For that reason, power pump crankshafts are not normally
balanced. However, when the power pump is coupled to a drive containing a high-speed
motor and gear reducer, a torsional analysis of the pump/drive unit may be required. For
this analysis, the unbalanced forces of the rotating and reciprocating pump components
can be calculated as follows:

Unbalanced Reciprocating Parts Force (F,.) Parts are typically about one-third of the
connecting rod weight (the crosshead, the crosshead bearing, the wrist pin, the pony rod,
and the plunger). Additional parts on vertical pumps include the pull rods, yoke, and
plunger nut.

W R
F.,.= P sz(cos 0+ T cos 9)

where F,,, = reciprocating parts force, 1b (N)
W = weight of all reciprocating or rotating parts, b (N)
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g = 32.2 ft/s? (9.81 m/s?)
w = (27/60) X n (n = pump rpm)
R = one-half of stroke, ft (m)
L = length of connecting rod, centerline to centerline, ft (m)
= crank angle; usually maximum force is at 8 = 0°,cos 6 = 1

Unbalanced Rotating Parts Force (F.,) Parts are typically about two-thirds of the
connecting rod weight, crank end bearing, and crankpin, where the variables are as above,

F.=Y R
g

Mechanical Efficiency The mechanical efficiency of a single-acting power pump with-
out internal gears is typically 90 to 92%. Over half of the mechanical losses are due to the
frictional drag of the plungers through the packing. The remaining losses are from the
bearings, the crosshead-to-crosshead guide friction, and the extension rod-to-gland seal
friction. If these components are properly lubricated, very few power-end design options
are available that will produce a measurable increase in mechanical efficiency. Decreas-
ing the diameter of the plungers and minimizing the number of packing rings will result
in a small efficiency increase.

FURTHER READING

American National Standard for Reciprocating Power Pumps for Nomenclature, Defini-
tions, Application and Operation, ANSI/HI 6.1-6.5-2000, Hydraulic Institute, Parsippany,
NJ. www,pumps/org

Positive Displacement Pumps—Reciprocating, API Standard 674. 2nd Edition, 1994, The
American Petroleum Institute, Washington, D.C. www.api.org

Henshaw, T. L. Reciprocating Pumps. Van Norstrand Reinhold Company, Inc., New
York, 1987.

Miller, J. E. The Reciprocating Pump—Theory, Design and Use. John Wiley & Sons, Inc.,
New York, 1987,
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SEGTION 3.2

POWER PUMP DESIGN
AND GONSTRUGTION

WILLIAM K. CHAPLIS
FREDERIC W. BUSE

The power pump, as a piece of rotating equipment, would seem to have a great deal in com-
mon with a reciprocating gas compressor or diesel or gas engine. All have crankshafts,
bearings, connecting rods, and lubricating oil systems that use the pump frame as an oil
reservoir. All have a fluid or gas end that contains relatively high pressure and includes
some type of valving that enables the equipment to perform its required task.

Due to the unique operating characteristics of the power pump, very little design crite-
ria or construction details can be directly transferred from these other mechanisms.
Because of the high compressibility of most gases, the resulting cyclic loadings are applied
to the various rotating, reciprocating, and pressure-retaining components in a smoother
manner. Therefore, gas-driven or gas-pumping mechanisms can operate at speeds three or
four times higher than a reciprocating pump with good reliability and low vibration levels.

It has been said that a power pump has more in common with a jackhammer because
of the constant high-cycle shock loading that it must be designed to withstand. Therefore,
very conservative material selections, stress limits, and factors of safety have been estab-
lished by the pump designers for all continuous duty applications. Intermittent duty appli-
cations can be met using less stringent design criteria,

Seldom is a power pump designed for one specific application having one specific set of
operating conditions. Consequently, few pump designs are truly optimized. The best eco-
nomical approach has been to design a power end capable of accepting a number of fluid
ends, which in turn allows the pump to operate over a wide range of hydraulic conditions.
By using different plunger diameters for a specific operating pressure, the designer tries
to “load up” the power to its maximum continuous rod load rating while maintaining the
pump speed at a level just sufficient to provide the required flow rate.

A power pump has its cylinders operating in parallel with interconnecting suction
and discharge manifolds. Additional cylinders are sometimes added to a basic power-end
design in order to obtain higher flow rates. The most common examples of this approach
are the quintuplex pumps that have an 80% component interchangeability with triplex
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pumps. Triplex (three cylinder), quintuplex (five cylinder), septuplex (seven cylinder),
and nonoplex (nine cylinder) pumps have been designed that have over a 90% inter-
changeability of parts. Only the power frame and crankshaft are unique to a specific
pump size.

Factors of safety are used in power pump design and application. A connecting rod
assembly, for instance, normally has a safety factor in excess of a 3:1 ratio because if a con-
necting rod fails in operation, it normally destroys many other power-end parts. A nodu-
lar iron frame will have a high safety factor also, primarily due to the requirement for
thick wall sections to mount interfacing parts and to reduce operating noise levels. Some
fluid-end expandable parts in the stuffing box and valves have safety factors below a 1.5:1
ratio because these parts are normally replaced before they would fail due to fatigue.

There has been a trend in past years in most industries to purchase power pumps that
operate at higher and higher speeds. This has been driven by the economics of buying
smaller, higher speed equipment versus the older, large, slower speed pumps. This trend
seems to be loosing some momentum, especially in critical applications. It remains for the
pump purchaser and pump supplier to jointly evaluate each application and try to arrive
at a pump selection that will provide the most reliable performance for the lowest installed
cost and operating cost.

LIQUID END

The liquid end consists of the cylinder, the plunger or piston, the valves, the stuffing box,
the manifolds, and the access covers. Figure 1 shows the liquid end of a horizontal pump,
and Figure 2 shows the same for a vertical pump.

Cylinder (Working Barrel) The cylinder is the body where the pump pressure to over-
come discharge pressure is developed. It is continuously under fatigue. Cylinders on many
horizontal pumps have suction and discharge manifolds integral with the cylinder. Verti-
cal pumps have separate manifolds.

A cylinder containing the passages for more than one plunger is referred to as a single
eylinder. When the cylinder is used for one plunger, it is called an individual cylinder. Indi-
vidual cylinders are used where developed stresses or replacement costs are high.

Cast cylinders are usually limited to the developed pressures listed in Table 1. Forged
cylinders are made from 1020 and 4140 carbon steel; 304L, 3161, 17-4 PH, and 15-5 PH
stainless steels; and nickel aluminum bronze. In recent years, duplex stainless steels have
seen an increase in usage when higher strength and corrosion resistance is required.
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FIGURE 1 A liquid-end horizontal pump (Flowserve Corporation)
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FIGURE 2 A liquid-end vertical pump (Flowserve Corporation)

Forged cylinders have a 4:1 to 6:1 forging reduction on all sides of the cylinder to obtain
a homogeneous internal structure. This type of cylinder requires heat treatment after forg-
ing to eliminate the stresses that occur during the forming operation. The pump designer
must minimize the section thickness of the cylinder or residual stresses may remain after
machining the internal bores.

The highest stresses occur at the intersection of the horizontal and vertical internal
bores. Unlike a simple cylinder where the internal stresses are analyzed as a single hoop
stress, the stress at the intersecting bores of a power pump cylinder are based on a double
hoop stress. In Figures 3 and 4, the distances b and d are the internal diameters, a and ¢
are the diameters to the nearest obstruction of the solid material of the cylinder, P is the
developed pressure, and S is the resulting stress. Stress concentration factors at the inter-
secting bores can be omitted if the radius is not less than 0.25 in (1.5 mm). Above 3000 lb/in?
(207 bar), the internal bores should have a surface finish of 63 rms minimum.

During each plunger cycle, the developed pressure goes from suction pressure to dis-
charge pressure and back to suction. For a pump operating at 360 strokes per minute, over
six million fatigue cycles will occur in less than 12 days. For this reason, very conservative
allowable stress limits are used. Normally, these limits range from 10,000 to 25,000 lb/in?
(69 to 172 Mpa), depending on the material of the cylinder, duty cycle, and liquid being

TABLE 1 Maximum pressure in cast cylinders

Material lb/in? (bar)
Cast iron 2000 (137)
Aluminum bronze 2500 to 3000 (172 to 207)
Steel 3000 (207)
Ductile iron 3000 (207)
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liquid end (Flowserve Corporation) end (Flowserve Corporation)

pumped. The allowable stress is a function of the fatigue stress of the material for the lig-
uid being pumped and the life cycles required.

Due to improper suction system design, misapplications, or process upsets, instanta-
neous pressure in the cylinder may be much higher than design pressure. When the lig-
uid contains entrained gas that can be released because of inadequate suction pressure,
the resulting cavitation can cause instantaneous pressure four to five times the design
pressure. This results in reducing the life of the cylinder and other liquid-end components,
as well as damaging pressure pulsations in the suction and discharge piping systems.

For continuous duty pumps operating above 10,000 1b/in? (690 bar) of discharge pres-
sure, special liquid-end designs have been developed. In Figure 5, the intersecting bores
have been eliminated by arranging the suction and discharge valves on the same axis as
the plunger. This means the stresses in the cylinder will be only half of these in a compa-
rable T-block design.

Plungers The plunger transmits the force that develops the pressure. It is normally a
solid construction of up to 5 in (127 mm) in diameter. Above that dimension, it may be
made hollow to reduce its weight. Small-diameter plungers used for 6000 psi (414 bar) and
above should be reviewed for possible buckling. Plunger speeds range from 150 to 350 fpm
(46 to 107 m/s). The surface finish normally is between 14 and 20 rms. A finish below 8 rms
should be avoided because excessive packing leakage may occur due to the inability of the
packing to seal properly on the smooth surface.

Although some plungers are made of heat-treated or case-hardened steel, the most
common are the hard-coated or solid ceramic. The hard coatings are normally flame
sprayed powders of Colmonoy or tungsten carbide, or ceramic oxides. These can be applied
over base materials of 1020 carbon steel or 316L stainless steel, Ceramic oxide is normally
'limited to 200°F (93°C) and is used for soft water, crude oil, mild acids, and mild alkalis.

The porosity and bond strength of coatings must be carefully evaluated for use with
higher operating pressures. Under those conditions, the liquid may penetrate the pores of
the coating and lift the coating off the base material. Ceramic plungers also have special
requirements and limitations. This type of plunger is often constructed as a solid bar,
closed-end tube of ceramic, bonded to a metal end cap or plug. A vent must be provided to
allow the pressure inside the plunger to equal the atmospheric pressure or the ceramic-
to-metal bond may fail or the plunger may explode. In addition to the normally fragile
nature of any ceramic plunger, the solid ceramic plunger is susceptible to failure due to
thermal shock.

Pistons Pistons are used for water pressures up to 2000 lb/in? (138 bar). For higher pres-
sures, a plunger is usually used. Pistons are cast iron, bronze, or steel with reinforced elas-
tomer sealing rings (see Figure 6). They are most frequently used in duplex, double-acting
pumps. The latest trend is to use pistons in single-acting triplex pumps.
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FIGURE 5 Special high-pressure liquid-end designs arrange the suction and discharge valves on the same axis
as the plunger, thus eliminating intersecting bores (Flowserve Corporation).

Stuffing Box The stuffing box assembly consists of a stuffing box, upper and lower bush-
ings, packing, and a gland. For ease of maintenance, the stuffing box assembly is usually
removable (see Figure 7).

The stuffing box bore is machined to a 63 rms finish to ensure packing sealing and life.
A single hoop stress equation is used to determine the wall thickness with an allowable
stress limit of 10,000 to 20,000 1b/in? (69 to 138 MPa).

The bushings that guide the plunger have a 63 rms finish with approximately 0.001 to
0.002 in (0.02 to 0.05 mm) of diametrical clearance per inch of the plunger diameter. The
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FIGURE 8 Elastomer face piston (FWI)
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FIGURE 7 A stuffing box (Flowserve Corporation)

lower bushing is sometimes secured in an axial position to prevent movement of the pack-
ing. Bushings are made of bearing bronze, Ni-resist, or cast iron. Stainless steel can be
used if its antigalling properties with the plunger coating can be verified.

Packing is either square cross-section, woven construction, or molded V or chevron-
shaped (see Figure 8). Some types use metal backup adapters. A packing set consists of top
and bottom adapters and one or more packing sealing rings. A stuffing box can use two to
five rings of packing, depending on the pressure and the fluid being pumped. Packing rings
are usually made up of a number of composite materials selected for their strength, wear
resistance, and lubricity, including neoprene, Teflon, cotton duct, and Kevlar.

Packing can be made self-adjusting by installing a spring between the bottom of the
packing set and the lower bushing or bottom of the stuffing box. This arrangement elimi-
nates overtightening the packing and enables a more uniform break-in. Packing can be
lubricated through a grease fitting or by an auxiliary lubricator driven through a take-off
on the crankshaft.

For chemical or slurry service, a lower injection ring is used for flushing. This prevents
concentrated pumped fluid from impinging directly on the packing. This injection can be
continuous or synchronized to inject only on the suction stroke. Flush glands at the out-
board end of the stuffing box are employed when a toxic vapor is present or when the leak-
age may flash,

The stuffing box for the piston rod of a double-acting pump is similar in construction
to that of a stuffing box for a plunger. The primary difference is that it must seal against
pressure being developed while the rod moves back through the packing. Single-acting pis-
tons do not employ a stuffing box. Leakage past the piston-sealing rings goes into the
frame extension to mix with the continuously circulating lubricant.

Cylinder Liner The cylinder wear liner (refer to Figure 6 and see Figure 9) is usually
of Ni-resist material, Its length is slightly longer than the stroke of the pump to enable
an assembly entrance taper of the piston into the liner. In double-acting pumps, the liner
has packing to prevent leakage from the high-pressure side to the low pressure side of the

TOP ADAPTOR '
SE AL RING -
80TTOM ADAPTOR |
ONE UNIT < STUFFING BOX LINER
FIGURE 8 Chevron packing (Flowserve FIGURE 9 Single-acting piston stuffing box
Corporation) (Flowserve Corporation)
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cylinder. Because of the brittleness of the liner, the construction should be such that the
liner is not compressed. The finish of the bore of the liner is approximately 16 rms.

Valves Many types of valve designs exist. Which type is used depends on the applica-
tion. The main parts of a valve assembly are the seat and sealing member, usually a disc,
ball, or plate. The plate movement is controlled by a spring or retainer. The seat usually
uses a taper where it fits into the cylinder or manifold. The taper not only gives a posi-
tive fit but permits easy replacement of the seat.

Some pumps use the same size suction and discharge valve for interchangeability
(refer to Figure 2). Some use larger suction valves than discharge valves for improved
NPSH reasons. Others use larger discharge valves than suction valves because the cylin-
der configuration requires the suction valve to be removed through the location of the dis-
charge valve (refer to Figure 1). Because of space considerations, valves are sometimes
used in clusters on each side of the plunger to obtain the required total valve area that
reduces valve velocity.

Table 2 shows seat and plate hardness for some valve materials. Seats and plates made
of 316 stainless steel material are usually chrome-plated or flame-sprayed to give them
the desired surface hardness.

The flow area of the valve must be large enough to prevent significant pressure drop
or restriction to flow. Normally, suction valves are sized for 6 to 8 ft/s velocity, and the dis-
charge valves and sized for 8 to 12 ft/s.

The valve springs must be made of corrosion-resistant material and designed to with-
stand high-cycle fatigue stresses. Under no situation should the valve operation enable the
spring to go to a solid stack height or wire-to-wire condition. The ends of the spring must
be ground flat and square with a maximum perpendicularity of 3 degrees.

Manifolds These are the chambers where the liquid is disbursed or collected for distri-
bution before or after passing through the cylinder. In horizontal pumps and some verti-
cal pumps, the manifolds are cast or machined integral with the fluid cylinder. Most
vertical pumps have the suction and discharge manifolds separate from the cylinder (refer
to Figure 2).

Suction manifolds are designed to eliminate air pockets from the flange to the valve
entrance (see Figure 10), Separate suction manifolds are cast iron, cast bronze, or fabri-
cated steel. Discharge manifolds are steel forgings or fabricated steel. The manifolds have
a minimum deflection to prevent gasket shifts when subjected to maximum operating
pressures.

The velocity through the manifolds of a clean liquid is 3 to 5 ft/s (0.9 to 1.5 m/s) at the
suction and 6 to 16 ft/s (1.8 to 4.9 m/s) at the discharge. Suction and discharge manifold
velocities in a slurry service are 6 to 10 ft/s (1.8 to 3 m/s). Slurry services have a minimum
velocity of 6 ft/s (1.8 m/s) to prevent the heavier slurry particles from falling out of solution.

In USCS units, V (ft/s) = pump gpm X 0.321/cross-sectional area of the manifold, in*

In SI units, V (m/s) = pump m®/h X 277.8/cross-sectional area of the manifold, mm?

TABLE 2 Recommended material
hardness for valve plate and seat

Material Plate Seat
Rockwell C hardness
329 30 to 835 88 to 43
440 44 to 48 52 to 56
17-4 PH 35 to 40 40 to 45
15-5 PH 35 to 40 40 to 45
Brinell hardness
316 150 to 180 150 to 180
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FIGURE 10 A suction manifold construction to FIGURE 11 An integral suction and discharge
eliminate air pockets (Flowserve Corporation) manifold (Gardner-Denver)

A water hammer creates an additional pressure (which is added to the rated pump
pressure), as does hydraulic shock loading. The discharge manifold rating is then made
equal to or greater than the sum of these pressures.

Valve Covers Valve covers are used to provide accessibility to the valves without dis-
turbing the cylinder, manifold, or related piping (see Figures 11 and 12).

Plunger Covers and/or Cylinder Heads These are used on horizontal pumps to pro-

vide accessibility to the plunger, piston, and cylinder liner (refer to Figures 11 and 12 and
see Figure 13).

POWER END

The power end contains the crankshaft, connecting rods, crossheads, pony rod, bearings,
and frame (see Figures 14 and 15). Basic designs are horizontal and vertical with sleeve
or antifriction bearings. Some have integral drive gears.

Frame The frame absorbs the plunger load and torque, Vertical pumps with cutboard
packed stuffing boxes (refer to Figure 2) have the frame in compression (refer to Figure 14).
With horizontal single-acting pumps, the frame is in tension (refer to Figure 15), Frames
are usually close-grain cast iron with relatively thick cross-sections. This combination pro-
vides superior dampening for the normal low-frequency cyclic loading. Some intermittent
duty pumps, specifically designed for mobile services, are constructed of lighter weight,
fabricated steel plate.

The frame is usually vented to the atmosphere. However, when the atmosphere is
detrimental to the working parts of the frame, such as an ammonia attack on bronze bear-
ings, the frame can be purged continuously with nitrogen gas.

Crankshaft The crankshaft (see Figures 16, 17, and 18) varies in construction, depend-
ing on the design and power output of the pump. In horizontal pumps, the crankshafts
are usually of nodular iron or cast steel. Vertical pumps use forged steel or machined bil-
let crankshafts. Because the crankshafts have a low mass and operate at relatively low
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