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PREFACE 

Internal combustion engines date back to 1876 when Otto first developed the 
spark-ignition engine and 1892 when Diesel invented the compression-ignition 
engine. Since that time these engines have continued to develop as our knowledge 
of engine processes has increased, as new technologies became available, as 
demand for n.ew types of engine arose, and as environmental constraints on 
engine use changed. Internal combustion engines, and the industries that develop 
and manufacture them and support their use, now play a dominant role in the 
fields of power, propulsion, and energy. The last twenty-five years or so have seen 
an explosive growth in engine research and development as the issues of air pol­
lution, fuel cost, and market competitiveness have become increasingly impor­
tant. An enormous technical literature on engines now exists which has yet to be 
adequately or~:anized and summarized. 

This book has been written as a text and a professional reference in response 
to that need. It contains a broadly based and extensive review of the fundamental 
principles which govern internal combustion engine design and operation. It 
attempts to provide a simplifying framework for the vast and complex mass of 
technical material that now exists on spark•ignition and compression-ignition 
engines, and at the same time to i.nclude sufficient detail to convey the real world 
dimensions of this pragmatic engineering field. It is the author's conviction that a 
sound knowledge of the relevant fundamentals in the many disciplines that con­
tribute to this field, as well as an awareness of the extensive practical knowledge 
base which ha,s been built up over many decades, are essential tools for engine 
research, devellopment, and design. Of course, no one text can include everything 
about engines. The emphasis here is on the thermodynamics, combustion physics 
and chemistry, fluid flow, heat transfer, friction, and lubrication processes rele­
vant to internal combustion engine design, performance, efficiency, emissions, and 
fuels requirements. 

xvii 
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xviii PREFACE 

From a fundamental point of view, how the fuel-air mixture within an inter­
nal combustion engine cylinder is ignited appropriately organizes the field. From 
the method of ignition- spark-ignition or compression-ignition- follows each 
type of engine's important features: fuel requirements, method of mixture prep­
aration, combustion chamber design, details of the combustion process, method 
of load controJ, emission formation mechanisms, and performance and efficiency 
characte~istics. While many engine processes (such as intake and exhaust flows, 
convective heat transfer, and friction) are similar in both types of engines, this 
distinction is fundamental and Hes behind the overall organization of the book. 

The book is arranged in four major sections. The .first (Chapters l to 5) 
provides an introduction to, and overview of, the major characteristics of spark­
ignitj~n and compression-ignition engines, defines the parameters used to 
describe engine operation, and develops the necessary thermodynamics and com­
bustion theory required for a quantitative analysis of engine behavior. It con­
cludes with an integrated treatment of the various methods of analyzing idealized 
models of internal combustion engine cycles. The second section (Chapters 6 to 8) 
focuses on engine flow phenomena. The details of the gas exchange process­
intake and exhaust processes in four-stroke and scavenging in two-stroke 
cycles-and the various methods of supercharging engines- are reviewed. Fuel 
metering methods for spark-ignition engines and air- and fuel-flow phenomena in 
intake manifolds are described. The essential features of the various types of fluid 
motion within the engine cylinder are then developed. These flow processes 
control the amount of air an engine will induct (and therefore its power), and 
largely govern the rate at which the fuel-air mixture will butn during combustion. 

The third section of the book focuses on engine combustion phenomena. 
These chapters (9, 10, and 11) are especially important. The combustion process 
releases the fuel's energy within the engine cylinder for eventual conversion to 
useful work. What fraction of the fuel's energy is converted depe~ds strongly on 
how CQJDbustion takes place. The spark-ignition and compress\on-ignition engine 
combustion processes (Chapters 9 and 10, respectively) therefore influence essen­
tially all aspects of engine behavior. Air pollutants are undesirable byproducts of 
combustion. Our extensive knowledge of how the major pollutants form during 
these combustion processes ~pd how such emissions can be controlled is 
reviewed in Chapter 11. 

The last section of the book focuses on engine operating characteristics. First, 
the fundamentals of engine heat transfer and friction, both of which detract from 
engine performance, are developed in Chapters 12 and 13. Chapter 14 then 
focuses on the methods available for predicting important aspects of engine 
behavior based on reaListic models of engine fl.ow and combustion processes, 
Since the various thermodynamic-based and fluid-mechanic-based models which 
have been developed over the past fifteen years or so are increasingly used in 
engine research and development, a knowledge of their basic structure and capa­
bilities is most important. Then, Chapter 15 presents a summary of how the 
operating characteristics-power, efficiency, and emissions-of spark-ignition 
and compression-ignition engines depend on the major engine design and oper• 
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PREFACE xix 

ating variables. These final two chapters effectively integrate the analytical under• 
standing and practical knowledge of individual engine processes together to 
describe overall spark-ignition and compression-ignition engine behavior. 
Material on internal combustion engine fuels is distributed appropriately 
throughout the book. Each chapter is extensively illustrated and referenced, and 
includes problems for both undergraduate and graduate level courses. 

While this book contains much advanced material on engine design and 
operation intended for the practitioner, each major topic is developed from its 
beginnings and the more sophisticated chapters have introductory sections to 
facilitate their use in undergraduate courses. The chapters are extensively cross­
referenced and indexed. Thus several arrangements of the material for a course 
on engines can be followed. For example, an introductory course on internal 
combustion engines could begin with Chapters 1 and 2, which review the differ­
ent types of engines and how their perfonnance is characterized, and continue 
with the parts of Chapters 3 and 5, which introduce the key combustion concepts 
necessary to understand the effects of fuel/air ratio, and ideal cycle analysis. Se­
lections from the introductory sections of Chapters 6, 9, 10, 11, and 15 could then 
be used to explain several of the practical and design aspects of spark-ignition 
and diesel engine intake and exhaust processes, combustion, emissions, and per­
formance. A more advanced course would review this introductory material more 
rapidly, and then move on to those sections of Chapters 4 and 5, which cover 
fuel-air cycle analysis, a more extensive discussion of engine breathing using addi­
tional sections of Chapter 6, and more in-depth treatment of engine combustion 
and emissions processes based on the appropriate sections of Chapters 9, 10, and 
11. Material on engine heat transfer and friction selected from Chapters 12 and 
13 could be included next. While Chapter 14 on modeling the thermodynamics 
and fluid dynamics of real engine processes is primarily intended for the pro­
fessional scientist and engineer, material from this chapter along with selections 
from Chapter 15 could be used to illustrate the performance, efficiency, and emis­
sions characteristics of the different types of internal combustion engines. I have 
also used much of the more sophisticated material in Chapters 6 through 15 for 
review seminars on individual engine topics and more extensive courses for pro­
fessional engineers, an additional important educational and reference 
opportunity. 

Many individuals and organizations have assisted me in various ways as I 
have worked on this book over the past ten or so years. I am especially indebted 
to my colleagues in the Sloan Automotive Laboratory at M.I.T., Professors Wai 
K. Cheng, Ahmed F. Ghoniem, and James C. Keck, and Ors. Jack A. Ekchian, 
David P. Hoult, Joe M. Rife, and Victor W. Wong, for providing a stimulating 
environment in which to carry out engine research and for assuming additional 
burdens as a result of my writing. Many of the Sloan Automotive Laboratory's 
students have made significant contributions to this text through their research; 
their names appear in the reference lists. The U.S. Department of Energy provid­
ed support during the early stages of the text development and funded the work 
on engine cy~le simulation used extensively in Chapters 14 and 15. I am grateful 
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to Churchill College, Cambridge University, for a year s:pent as a Richard C. 
Mellon Visiting Fellow, 1977- 78, and the Engineering De:partment, Cambridge 
University, for acting as my host while I developed the ou1tline and earlier chap­
ters of the book. The M.f.T. sabbatical leave fund supported my full-time writing 
for eight months in 1983, and the Mechanical Engineering Department at 
Imperial College graciously acted as host. 

I also want to acknowledge several individuals and organizations who have 
provided major inputs to this book beyond those citi~d in the references. 
Members of General Motors Research Laboratories have interacted extensively 
with the Sloan Automotive Laboratory over many years and provided valuable 
advice on engine research developments. Engineers from the Engine Research 
and Fluid Mechanics Departments at General Motors Research Laboratories 
reviewed and critiqued the final draft manuscript for me:. Charles A. Amann, 
Head of the Engine Research Department, made especiallly helpful inputs on 
engine performance. John J. Brogan of the U.S. Department of Energy provided 
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actions over the years with the Advanced Powertrain E111gineering Office and 
Scientific Research Laboratories of the Ford Motor Company have given me a 
broad exposure to the practical side of engine design and operation. A long-term 
relationship with Mobil Research and Development Corporation has provided 
comparable experiences in the area of engine-fuels interactions. Many organi­
zations and individuals supplied specific material and illus1lrations for the text. I 
am especially grateful to those who made available the high-quality photographs 
and line drawings which I have used and acknowledged. 
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Sawyer, University of California at Berkeley; Joseph E. Shepherd, Rensselaer 
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this long and time-consuming project which took many hours away from them. 
Without their continuing support it would never have be:en finished; for their 
patience, and faith that it would ultimately come to fruition, I will always be 
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1. SYMBOLS 

a Crank radius 
Sound speed 
Specific availability 

a Acceleration 
A Area 
Ac Valve curtain area 
A0h Cylinder head area 
Ae Exhaust port area 
A6 Effective area of flow restriction 
A, Inlet port area 
A .P Piston crown area 
B Cylinder bore 

Steady-flow availability 
c Specific heat • 

COMMONLY 
USED 

SYMBOLS, 
SUBSCRIPTS, AND 
ABBREVIA TIONSt 

c,, Specific heat at constant pressure 
c, Soot concentration (ma$s/volume) 
cv Specific heat at constant volume 
C Absolute ga$ velocity 

t Nomenclature specific to a section or chapter is defined in that section or chapter. 

xxlli 
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xxiv COMMONLY USED SYMBOLS. SUBSCRIPTS, AND ,\BBREVfA.TIONS 

C8 Swirl coefficient 
C0 Discharge coefficient 

Vehicle drag coefficient 
d Djameter 
dn Fuel-injection-nozzle orifice diameter 
D Diameter 

Diffusion coefficient 
D d Droplet diameter 
DsM Sauter mean droplet diameter 
Du Valve diameter 
e Radiative emissive power 

Specific energy 
E,. Activation energy 
f Coefficient of friction 

Fuel mass fraction 
F 
g 

G 
h 

m, 
M 

Force 
Gravitational acceleration 
Specific Gibbs free energy 
Gibbs free energy 
Clearance height 
Oil film thickness 
Specific enthalpy 
Heat-transfer coefficient 
Port open height 
Sensible specific enthalpy 
Enthalpy 
Moment of inertia 
Flux 
Thermal conductivity 
Turbulent kinetic energy 
Forward, backward, rate constants for ith reaction 
Constant 
Equilibrium constant expressed in concentrations 
Equilibrium constant expressed in partial pressures 
Characteristic length scale 
Connecting rod length 
Characteristic length scale of turbulent flame 
Piston stroke 
Fuel-injection-nozzle orifice length 
Valve lift 
Mass 
Mass flow rate 
Mass of residual gas 
Mach number 
Molecular weight 
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n 

p 

p 

q 

s 

u 

u' 

V 

y 

COMMONLY USED SYMBOLS. SUBSCRIPTS, AND A8BllEVlATlONS XXV 

Number of moles 
Pol.ytropic exponent 
Number of crank revolutions per power stroke 
Crankshaft rotational speed 
Soot particle number density 
Turbocharger shaft speed 
Cylinder pressure 
Pre:ssure 
Power 
Heat-transfer rate per unit area 
Heat•transfer rate per unit mass of fluid 
Heat transfer 
Heitt-transfer rate 
Fuel chemical energy release or gross heat release 
Fuel heating value 
Net: heat release 
Radius 
Compression ratio 
Connecting rod length/crank radius 
Gas constant 
Radius 
Onc!-way reaction rates 
Swirl ratio 
Crank axis to piston pin distance 
Specific entropy 
Entropy 
Spray penetration 
Turbulent burning speed 
Lanr1inar flame speed 
Piston speed 
Time 
Temperature 
Torque 
Spedfic internal energy 
Velocity 
Turbulence intensity 
Sen!Sible specific internal energy 
Cha.racteristic turbulent velocity 
Compressor/ turbine impellor tangential velocity 
Fluid velocity 
Internal energy 
Specific volume 
Velocity 
Velocity 
Valve pseudo-flow velocity 
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xxvi 

w 
~ 
WP 

x, y, z 
X 

x 
Xb 

x, 
y 

()( 

fJ 
y 
r~ 
(J 

{>L 

Ah}., 
~0b 

A(Jd 
e 

COMMONLY USED SYMBOLS, SUBSCRtPTS, AND ABl3REVIATIONS 

Squish velocity 
Cylinder volume 
Volume 
Clearance volume 
Displaced cylinder volume 
Relative gas velocity 
Soot surface oxidation rate 
Work transfer 
Work per cycle 
Pumping work 
Spatial coordinates 
Mass fraction 
Mole fraction 
Burned mass fraction 
Residual mass fraction 
H/C ratio of fuel 
Volume fraction 
Concentration of species ix per unit mass 
Inlet Mach index 
Angle 
Thermal diffusivity k/(pc) 
Angle 
Specific heat ratio cp/cv 
Angular momentum of charge 
Boundary-layer thickness 
Laminar flame thickness 
Molal enthalpy of formation of species i 
Rapid burning angle 
Flame development angle 
4/(4 + y): y = H/C ratio offue1l 
Turbulent kinetic energy dissipation rate 
Availability conversion efficiency 
Combustion efficiency 
Compressor isentropic efficiency 
Charging efficiency 
Fuel conversion efficiency 
Mechanical efficiency 
Scavenging efficiency 
Thermal conversion efficiency 
Turbine isentropic efficiency 
Trapping efficiency 
Volumetric efficiency 
Crank angle 
Relative air/fuel ratio 
Delivery ratio 
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COMMONLY USED SYMBOLS, SUBSCRIPTS, AND ABBREVlATIONS xx't'ii 

µ Dynamic viscosity 
µ1 Chemical potential of species i 
v Kinematic viscosity µ/ p 
v1 Stoichiometric coefficient of species i 
~ F low friction coefficient 
p Density 
P P Air density at standard, inlet conditions 11,0 • 11,1 

u Normal stress 
Standard deviation 
Stefan-Boltzmann constant 
Surface tension 
Characteristic time 
Induction time 
Shear stress 

t 1d Ignition delay time 
<I> Fuel/air equivalence ratio 
4> Flow compressibility function [Eq. (C.11)] 

Isentropic compression function [Eq. (4.15b)] 
t/t Molar N/0 ratio 

Throttle plate open angle 
'I' Isentropic cornpression function [Eq. (4.15a)] 
w Angular velocity 

Frequency 

2. SUBSCRIPTS 

a Air 
b Burned gas 
C Coolant 

Cylinder 
C Compression stroke 

Compressor 
er Crevice 
e Equilibrium 

Exhaust 
E Expansion stroke 
f Flame 

Friction 
Fuel 

9 Gas 
i Indicated 

Intake 
Species i 

1g Gross indicated 
m Net indicated 
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xxviii COMMONLY USBD SYMBOLS, SUBSCRIPTS, AND ABBREVIATIONS 

Liquid 
L Laminar 
p Piston 

Port 
p Prechamber 
r, 0, z r, 0, z components 
R Reference value 
s Isentropic 

Stoichiometric 
T Nozzle or orifice throat 

Turbine 
Turbulent 

u Unburned 
V Valve 
w Wall 
x, y, z x, y, z components 
0 Reference value 

Stagnation value 

3. NOTATION 

A Difference 
Average or mean value 
Value per mole 

[ ] Concentration, moles/vol 
{ } Mass fraction 

Rate of change with time 

4. ABBREVIATIONS 

(A/F) 
BC,ABC,BBC 
CN 
Da 
EGR 
EI 
EPC,EPO 
EVC, EVO 
(F/A) 
(G/F) 
IPC, IPO 
IVC, IVO 
mep 
Nu 

Air/fuel ratio 
Bottom-center crank position, after BC, befor,: BC 
Fuel cetane number 
Damkohler number -rr/tL 
Exhaust gas recycle 
Emission index 
Exhaust port closing, opening 
Exhaust valve closing, opening 
Fueljair ratio 
Gas/fuel ratio 
Inlet port closing, opening 
Inlet valve closing, opening 
Mean effective pressure 
Nusselt number he 1/k 
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ON 
Re 
sfc 
TC, ATC, BTC 
We 

COMMONLY USED SYMBOLS, SUBSCRIPTS, AND ABBREVIATIONS xxix 

Fuel octane number 
Reynolds number ptd/ µ 
Specific fuel consumption 
Top-center crank position, after TC, before TC 
Weber number p1 u

2 D/u 
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1.1 INTRODUCTION AND HISTORICAL 
PERSPECTIVE 

CHAPTER 

1 
ENGINE 

TYPES 
AND THEIR 
OPERATION 

The purpose of internal combustion engines is the production of mechanical 
power from the chemical energy contained in the fuel. In internal combustion 
engines, as distinct from external combustion engines, this energy is released by 
burning or oxidizing the fuel inside the engine. The fuel-air mixture before com­
bustion and the burned products after combustion are the actual working fluids. 
The work transfers which provide the desired power output occur directly 
between these working fluids and the mechanical components of the engine. The 
internal combustion engines which are the subject of this book are spark-ignition 
engines (sometimes called Otto engines, or gasoline or petrol engines, though 
other fuels can be used) and compression-ignition or diesel engines. t Because of 
their simplicity, ruggedness and high power/weight ratio, these two types of 
engine have found wide application in transportation (land, sea, and air) and 
power generation. It is the fact that combustion takes place inside the work-

t The gas turbine is also, by this definition, an "internal combustion engine." Conventionally, 
however, the term is used for spark-ignition and compression-ignition engines. The operating prin­
ciples of gas turbines are fundamentally different, and they are not discussed as separate engines in 
this book, 

1 
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2 INTERNAi. COMBUSTION ENGINE FUNDAMENTALS 

producing part of these engines that makes their design and operating character­
istics fundamentally different from those of other types of engine. 

Practical heat engines have served mankind for over two and a half cen­
turies. For the first 150 years, water, raised to steam, was interposed between th1e 
combustion gases produced by burning the fuel and the work-producing piston­
in-cylinder expander. It was not until the J 860s that the internal combustion 
engine became a practical reality.1. 2 The early engines developed for commercial 
use burned coal-gas air mixtures at atmospheric pressure-there was no com­
pression before combustion. J. J. E. Lenoir (1822-1900) developed the first mar­
ketable engine of this type. Gas and air were drawn into the cylinder during th,e 
first half of the piston stroke. The charge was then ignited with a spark, th1e 
pressure increased, and the burned gases then delivered power to the piston for 
the second half of the stroke. The cycle was completed with an exhaust stroke:. 
Some 5000 of these engines were built between 1860 and 1865 in sizes up to six 
horsepower. Efficiency was at best about 5 percent. 

A more successful development-an atmospheric engine introduced in 1867 
by Nicolaus A. Otto (1832- 1891) and Eugen Langen (1833- 1895}-used the pres­
sure rise resulting from combustion of the fuel-air charge early in the outward 
stroke to accelerate a free piston and rack assembly so its momentum would 
generate a vacuum in the cylinder. Atmospheric pressure then pushed the piston 
inward, with the rack engaged through a roller clutch to the output shaft. Pro­
duction engines, of which about 5000 were built, obtained thermal efficiencies oif 
up to t 1 percent. A slide valve controlled intake, ignition by a gas flame, and 
exhaust. 

To overcome this engine's shortcomings of low thennal efficiency and 
excessive weight, Otto proposed an engine cycle with four piston strokes: a1r1 
intake stroke, then a compression stroke before ignition, an expansion or power 
stroke where work was delivered to the crankshaft, and finally an exhaust stroke. 
He also proposed incorporating a stratified-charge induction system, though this 
was not achieved in practice. His prototype four-stroke engine first ran in 1876. A 
comparison between the Otto engine and its atmospheric-type predecessor indi­
cates the reason for its success (see Table 1.1): the enormous reduction in engine 
weight and volume. This was the breakthrough that effectively founded the inter­
nal combustion engine industry. By 1890; almost 50,000 of these engines had 
been sold in Europe and the United States. 

In 1884, an unpublished French patent issued in 1862 to Alphonse Beau die 
Rochas ( 1815-1893) was found which described the principles of the four-strok,e 
cycle. This chance discovery cast doubt on the validity of Otto's own patent for 
this concept, and in Germany it was declared invalid. Beau de Rochas also out­
lined the conditions under which maximum efficiency in an internal combustioin 
engine could be achieved. These were: 

1. The largest possible cylinder volume with the minimum boundary surface 
2. The greatest possible working speed 

; 
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TABLE 1.1 
Comparison of Otto four-stroke cycle and Otto-Langen 
engines1 

Otto and LHgen Otto four-stroke 

Brake horsepower 
Weight, lb, approx. 
'Piston displacement, in3 

Power strokes per min 
Shaft speed, rev/min 
Mechanical efficiency, % 
Overall efficiency, % 
Expansion ratio 

2 
4000 
4900 

28 
90 
68 
1 l 
JO 

3. The greatest possible expansion ratio 

2 
1250 
310 
80 

160 
84 
14 
2.5 

4. The greatest possible pressure at the beginning of expansion 

The first two conditions hold heat losses from the charge to a minimum. The 
third condition recognizes that the greater the expansion of the postcombustion 
gases, the greater the work extracted. The fourth condition recognizes that higher 
initial pressures make greater expansion possible, and give higher pressures 
throughout the process, both resulting in greater work transfor. Although Beau 
de Rochas' unpublished writings predate Otto's developments,. he never reduced 
these ideas to practice. Thus Otto, in the broader sense, was the inventor of the 
modern internal combustion engine as we know it today. 

Further developments followed fast once the full impact of what Otto had 
achieved became apparent. By the 1880s several engineers (e.g., Dugald Clerk, 
1854-1913, and James Robson, 1833-1913, in England and Karl Benz, 1844-
1929, in Germany) had successfully developed two-stroke initernal combustion 
engines where the exhaust and intake processes occur during the end of the 
power stroke and the beginning of the compression stroke. James Atkinson 
(1846-1914) in England made an engine with a longer expansiion than compres­
sion stroke, which had a high efficiency for the times but mechanical weaknesses. 
It was recognized that efficiency was a direct function of expansion ratio, yet 
compression ratios were limited to less than four if serious knock problems were 
to be avoided with the available fuels. Substantial carburetor and ignition system 
developments were required, and occurred, before high-speed gasoline engines 
suitable for automobiles became available in the late 1880s. Stationary engine 
progress also continued. By the late 1890s, large single-cylinde:r engines of 1.3-m 
bore fueled by low-energy blast furnace gas produced 600 bhp at 90 rev/min. In 
Britain, legal restrictions on volatile fuels turned their engine builders toward 
kerosene. Low compression ratio "oil,, engines with heated eicternal fuel vapor­
i2ers and electric ignition were developed with efficiencies comparable to those of 
gas engines (14 to 18 percent). The Hornsby-Ackroyd engine became the most 
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4 INTERNAL COMBUSTION ENOINE FUNDAMENTALS 

popular oil engine in Britain, and was also built in large numbers in the United 
States.2 

In 1892, the German engi1neer Rudolf Diesel (1858- 1913) outlined in his 
patent a new form of internal combustion engine. His concept of initiating com­
bustion by injecting a liquid fuel into air heated solely by compression permitted 
a doubling of efficiency over other internal combustion engines. Much greater 
expansion ratios, without detonation or knock, were now possible. However, 
even with the efforts of Diesel and the resources of M.A.N. in Aus burg combined, 
it took five years to develop a prnctical engine. 

Engine developments, perhaps less fundamental but nonetheless important 
to the steadily widening internal i;::ombustion engine markets, have continued ever 
since. l--4 One more recent major development bas been the rotary internal com­
bustion engine. Although a wide variety of experimental rotary engines have been 
proposed over the years,5 the fiirst practical rotary internal combustion engine, 
the Wankel, was not successfully tested until 1957. That engine, which evolved 
through many years of research and development, was based on the designs of 
the German inventor Felix Wankel.6 • 7 

Fuels have also had a major impact on engine development. The earliest 
engines used for generating mechanical power burned gas. Gasoline, and lighter 
fractions of crude oil, became available in the late 1800s and various types of 
carburetors were developed to vaporize the fuel and mix it with air. Before 1905 
there were few problems with gasoline; though compression ratios were low (4 or 
less) to avoid knock, the highly volatile fuel made starting easy and gave good 
cold weather performance. Howe:ver, a serious crude oil shortage developed, and 
to meet the fivefold increase in gasoline demand between 1907 and 1915, the yield 
from crude had to be raised. Through the work of William Burton (1865- 1954) 
and his associates of Standard Oil of lncliana, a thermal cracking process was 
developed whereby heavier oils were heated under pressure and decomposed into 
less complex more volatile compounds. These thermally cracked gasolines satis­
fied demand, but their higher boiling point range created cold weather starting 
problems. Fortunately, electrically driven starters, introduced in 1912, came 
along just in time. 

On the farm, kerosene was the logical fuel for internal combustion engines 
since it was used for heat and light. Many early farm engines had heated carbu­
retors or vaporizers to enable them to operate with such a fuel. 

The period following Woirld War I saw a tremendous advance in our 
understanding of how fuels affect combustion, and especially the problem of 
knock. The antiknock effect of tetraethyl lead was discovered at General 
Motors,4 and it became commi~rcially available as a gasoline additive in the 
United States in 1923. In the late 1930s, Eugene Houdry found that vaporized 
oils passed over an activated catalyst at 450 to 480°C were converted to high­
quality gasoline in much higher yields than was possible with thermal cracking. 
These advances, and others, permitted fuels with better and better antiknock 
properties to be produced in lalrge quantities; thus engine compression ratios 
steadily increased, improving power and efficiency. 
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During the past three decades, new factors for change have become impor­
tant and now significantly affect engine design and operation. These factors are, 
first, the need to control the automotive contribution to urban air pollution and, 
second, the need to achieve significant improvements in automotive fuel con­
sumption. 

The automotive air-pollution problem became apparent in the 1940s in the 
Los Angeles basin. In 1952, it was demonstrated by Prof. A. J. Haagen-Smit that 
the smog problem there resulted from reactions between oxides of nitrogen and 
hydrocarbon compounds in the presence of sunlight.8 In due course it became 
clear that the automobile was a major contributor to hydrocarbon and oxides of 
nitrogen emissions, as well as the prime cause of high carbon monoxide levels in 
urban areas. Diesel engines are a significant source of small S()Ot or smoke par­
ticles, as well as hydrocarbons and oxides of nitrogen. Table 1.2 outlines the 
dimensions of the problem. As a result of these developments, e:mission standards 
for automobiles were introduced first in California, then nationwide in the 
United States, starting in the early 1960s. Emission standards in Japan and 
Europe, and for other engine applications, have followed. Substantial reductions 
in emissions from spark-ignition and diesel engines have been achieved. Both the 
use of catalysts in spark-ignition engine exhaust systems for emissions control 
and concern over the toxicity of lead antiknock additives have resulted in the 
reappearance of unleaded gasoline as a major part of the automotive fuels 
market. Also, the maximum lead content in leaded gasoline has been substan­
tially reduced. The emission-control requirements and these fuel developments 
have produced significant changes in the way internal comb1llstion engines are 
designed and operated. 

Internal combustion engines are also an important source of noise. There 
are several sources of engine noise: the exhaust system, the intake system, the fan 
used for cooling, and the engine block surface. The noise may be generated by 
aerodynamic effects, may be due to forces that result from the combustion 
process, or may result from mechanical excitation by rotatin,g or reciprocating 
engine components. Vehicle noise legislation to reduce emissions to the 
environment was first introduced in the early 1970s. 

During the 1970s the price of crude petroleum rose rapidly to several times 
its cost (in real terms) in 1970, and concern built up regardilllg the longer-term 
availability of petroleum. Pressures for substantial improvements in internal 
combustion engine efficiency (in all its many applications) have become very sub­
stantial indeed. Yet emission-control requirements have made improving engine 
fuel consumption more difficult, and the removal and reduction of lead in gas­
oline has forced spark-ignition engine compression ratios to lbe reduced. Much 
work is being done on the use of alternative fuels to gasoline and diesel. Of the 
non-petroleum-based fuels, natural gas, and methanol and ethanol (methyl and 
ethyl alcohols) are receiving the greatest attention, while synthetic gasoline and 
diesel made from shale oil or coal, ~nd hydrogen couJd be longer-term pos­
sibilities. 

It might be thought that after over a century of development, the internal 
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TABLE l.2 

Th~ arutomotive urbat1 air-pollution problem 

Automobile emissions Truck emissionstt 
Mobile 
source Reduction 
emissions Uncontrolled in new SI 
3S % of vehicles, l'ebicles, engines, Diesel, 

Pollutemt Impact totalt g/lunt % ,i g/km g/km 

Oxid~; of Reactant in 40--60 2.5 75 7 12 
nitrogen photochemical 
(NO and NO2 ) smog; N02 is 

toxic 
Carboin Toxic 90 65 95 150 17 

monoxide 
(CO) 

Unburned Reactant in 30-50 10 90 17U 3 
hydrocarbons photochemical 
(HC, many smog 
hydrocarbon 
compounds) 

Particulates Reduces 50 0.5§ 40§ n 0.5 
(soorl and visibility; 
abso,rbed someofHC 
hydrocarbon compounds 
compounds) mutagenic 

t Oepenids on type or urban arc11 and source mix. 

t Avcrai;c values for prc-1968 automobiles which had no emission conlrols, dctcnnincd by U.S. test riroccdurc 
which simulates typical urban and higbway driving. Exhaust emissions, except for HC where 55 percent are exhaust 
emissior11s, 20 percent arc evaporative emissions from fuel lank and carburetor, and 25 percent are crankcase 
blowby 1gascs. 

§ Diesel engine automobiles only. Particulate emissions from spark-ignilion engines are negligible. 

,i Compares omissions from new spark-ignition engine automobiles with uncontrolled automobile Jovel~ in previous 
column. Varies from country to country. The United States, Canada, Western Europe, and Japan have standards 
with dillierent degrees of severity. The United States, Europe, and Japan have different test procedures. Standards 
are strictest in the United States and Japan. 

tt Repr,esentative average emission levels for trucks. 

+f With 95 percent exhaust emissions and S percent evaporative emissions. 

n = neglligible. 

combustion engine has reached its peak and little potential for further improve­
ment remains. Such is not the case. Conventional spark-ignition and diesel 
enginc:s continue to show substantial improvements in efficiency, power, and 
degree of emission control. New materials now becoming available offer the pos­
sibiliti.es of reduced engine weight, cost, and heat losses, and of different and more 
efficie111t internal combustion engine systems. Alternative types of internal com­
bustioin engines, such as the stratified~charge (which combines characteristics nor~ 
mally associated with either the spark-ignition or diesel) with its wider fuel 
tolerance, may become sufficiently attractive to reach large-scaJe production. The 
engin<: development opportunities of the future are substantial. While they 
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present a formidable challenge to automotive engineers, they will be made pos~ 
sible in large part by the enormous expansion of our knowledge of engine pro­
cesses which the last twenty years has witnessed. 

t.2 ENGINE CLASSIFICATIONS 

There are many different types of internal combustion engines. They can be clas­
sified by: 

1. Application. Automobile, truck, locomotive, light aircraft marine, portable 
power system, power generation 

2. Basic engine design. Reciprocating engines (in turn subruvided by arrange­
ment of cylinders: e.g., in-line, V, radial, opposed), rotary engines (Wankel 
and other geometries) 

3. W o,-king cycle. Four-stroke cycle: naturally aspirated (admitting atmospheric 
air), supercharged (admitting precompressed fresh mixture), and turbo­
charged (admitting fresh mixture compressed in a compressor driven by an 
exhaust turbine), two-stroke cycle: crankcase scavenged, supercharged and 
turbocharged 

4. Valve or pott design and location. Overhead (or I-head) valves> underhead (or 
L•head) valves, rotary valves, cross-scavenged porting (inlet and exhaust 
ports on opposite sides of cylinder at one end), loop-scavenged porting (inlet 
and exhaust ports on same side of cylinder at one end), throngh- or uniflow­
sca venged (inlet and exhaust ports ot valves at different ends of cylinder) 

5. Fuel. Gasoline (or petrol), fuel oil (or diesel fuel), natural gas, liquid pet­
roleum gas, alcohols (methanol, ethanol) hydrogen, dual fuel 

6. Method of mixture preparation. Carburetion, fuel injection into the intake 
ports or intake manifold, fuel injection into the engine cylinder 

7. Method of ignition. Spark ignition (in conventional engines where the mixture 
is uniform and in stratified-charge engines where the mixture is non-uniform), 
compression ignition (in conventional diesels, as well as ignition in gas 
engines by pilot injection of fuel oil) 

8. Combustion chamber design. Open chamber (many designs: e.g., disc, wedge, 
hemisphere, bowl-in-piston), divided chamber (small and large auxiliary 
chambers; many designs: e.g., swirl chambers, prechambers) 

9. Method of load control. Throttling of fuel and air flow together so mixture 
composition is essentially unchanged, control of fuel flow alone, a com­
bination of these 

10, Method of cooling. Water cooled, air cooled, uncooled (other than by natural 
convection and radiation) 

AU these distinctions are important and they illustrate the breadth of engine 
designs available. Because this book approaches the operating and emissions 
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TABLE 1.3 
Classification of reciprocating engines by application 

Approximate Predominant type 
engine power 

Class Service range, kW D1 or SI Cycle Cooling 

Road vehicles Motorcycles, scooters 0.75-70 S:l 2,4 A 
Small passenger cars 15-75 s:r 4 A, w 
Large passenger cars 75-200 Sl 4 w 
Light commercial 35-150 Sl, D 4 w 
Heavy (long-distance) 120-400 D► 4 w 

commercial 
Otf-road vehicles Light vehicles (factory, 1.5-15 s:r 2, 4 A,W 

airport, etc.) 
Agricultural 3-150 S'I, D 2,4 A,W 
Earth moving 40-750 D► 2, 4 w 
Military 40-2000 D 2,4 A, W 

Railroad Rail cars 150--400 D 2,4 w 
Locomotives 400-3000 D 2, 4 w 

Marine Outboard 0.4-75 Sl 2 w 
Inboard motorcrafts 4-750 S'.£, D 4 w 
Light naval craft 30-2200 I::► 2, 4 w 
Ships 3500-22,000 D► 2, 4 w 
Ships' auxiliaries 75-750 D 4 w 

Airborne Airplanes 45-2700 SI 4 A 
vehicles Helicopters 45-1500 SI 4 A 

Home use Lawn mowers 0.7-3 Sl 2,4 A 
Snow blowers 2-5 S'l 2,4 A 
Light tractors 2- 8 SI 4 A 

Stationary Building service 7-400 D 2, 4 w 
Electric power 35-22,000 D 2, 4 w 
Gas pipeline 750-5000 Sl 2, 4 w 

SJ = spark-ignition; D = diesel; A = air cooled; W = water cooled. 

Source: Adapted from Taylor,9 

characteristics of internal combustion engines from a fundamental point of view, 
the method of ignition has been selected as the primary classifying feature. From 
the method of ignition-spark-ignition or compress1ion-ignitiont-follow the 
important characteristics of the fuel used, method of mixture preparation, com­
bustion chamber design, method of load control, d1~tails of the combustion 
process, engine emissions, and operating characteristics .. Some of the other classi­
fications are used as subcategories within this basic dassification. The engine 
operating cycle-four-stroke or two-stroke-is next in importance; the principles 
of these two cycles are described in the following section. 

Table 1.3 shows the most common application:s of internal combustion 

t In the remainder of the book, these tenns will often be abbreviated by SI and Cl, respectively. 
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engines, the predominant type of engine used in each classification listed, and the 
approximate engine power range in each type of service. 

t.3 ENGINE OPERATING CYCLES 

Most of this book is about reciprocating engines, where the piston moves back 
and forth in a cylinder and transmits power through a connecting rod and crank 
mechanism to the drive shaft as shown in Fig. 1-1. The steady rotation of the 
crank produces a cyclical piston motion. The piston comes to rest at the top­
center (TC) crank position and bottom-center (BC) crank position when the 
cylinder volume is a minimum or maximum, respectively.t The minimum cylin­
der volume is called the clearance volume Yc. The volume swept out by the 

t These crank positions are also referred to as lop-dead-center (TDC) and bottom-dead-center 
(BOC). 

FIGURE 1-1 
Basic geometry of the reciprocating internal com­
bustion engine. V., V., and V, indicate clearance, 
displaced, and total cylinder volumes. 
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The four-stroke operating cycle. 10 
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piston, the difference between the maximum or total volume V, and the clearance 
volume., is called the displaced or swept volume ~. The ratio of maximum 
volume to minimum volume is the compression ratio re. Typical values of re are 
8 to 12 for SI engines and 12 to 24 for CI engines. 

Tllie majority of reciprocating engines operate on what is known as the 
four-str1oke cycle. Each cylinder requires four strokes of its piston-two revol­
utions of the crankshaft- to complete the sequence of events which produces one 
power i;troke. Both SI and CI engines use this cycle which comprises (see Fig. 
1-2); 

1. An intake stroke, which starts with the piston at TC and ends with the piston 
at BC, which draws fresh mixture into the cylinder. To increase the mass 
induicted, the inlet valve opens shortly before the stroke starts and closes after 
it ends. 

2. A compression stroke, when both valves are closed and the mixture inside the 
cylinder is compressed to a small fraction of its initial volume. Toward the end 
of the compression stroke, combustion is initiated and the cylinder pressure 
rises more rapidly. 

3. A power stroket or expansion stroke, which starts with the piston at TC and 
ends at BC as the high~temperature, high-pressure, gases push the piston down 
and force the crank to rotate. About five times as much work is done on the 
pisto,n during the power stroke as the piston had to do during compression. 
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As the piston approaches BC the exhaust valve opens to initiate the exhaust 
process and drop the cylinder pressure to close to the exhaust pressure. 

4. An exhaust stroke, where the remaining burned gases exit the cylinder: first, 
because the cylinder pressure may be substantially higher than the exhaust 
pressure; then as they are swept out by the piston as it moves toward TC. As 
the piston approaches TC the inlet valve opens. Just after TC the exhaust 
valve closes and the cycle starts again. 

Though often called the Otto cycle after its inventor, Nicolaus Otto, who built 
the first engine operating on these principles in 1876, the more descriptive four­
stroke nomenclature is preferred. 

The four-stroke cycle requires, for each engine cylinder, two crankshaft rev­
olutions for each power stroke. To obtain a higher power output from a given 
engine size, and a simpler valve design, the two-stroke cycle was developed. The 
two-stroke cycle is applicable to both SJ and CI engines. 

Figure 1-3 shows one of the simplest types of two-stroke engine designs. 
Ports in the cylinder liner, opened and closed by the piston motion, control the 
exhaust and inlet flows while the piston is close to BC. The two strokes are: 

1. A compression stroke, which starts by closing the inlet and exhaust ports, and 
then compresses the cylinder contents and draws fresh charge into the crank­
case. As the piston approaches TC, combustion is initiated. 

Exhaust 
ports 

Reed spring 
inlet valve 

FIGURE J-3 

Deflector 

0 

Exhaust blowdown Scavenging 

Transfer 
ports 

The two-stroke operating cycle. A crankcase-scavenged engine is shown.10 
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2. A po'tWer or expansion stroke, similar to that in the four-stroke cycle until the 
pistom approaches BC, when first the exhaust ports and then the intake ports 
are u:ncovered (Fig. 1-3). Most of the burnt gases exit the cylinder in an 
exhaust blowdown process. When the inlet ports are uncovered, the fresh 
charg1~ which has been compressed in the crankcase flows into the cylinder. 
The p~ston and the ports are generally shaped to deflect the incoming charge 
from J~owing directly into the exhaust ports and to achieve effective scavenging 
of the residual gases. 

Eai:h engine cycle with one power stroke is completed in one crankshaft 
revolution. However, it is difficult to fill completely the displaced volume with 
fresh charge, and some of the fresh mixture flows directly out of the cylinder 
during the scavenging process.t The example shown is a cross-scavenged design; 
other approaches use loop•scavenging or uni.flow systems (see Sec. 6.6). 

1.4 ENGINE COMPONENTS 

Labeled cutaway drawings of a four-stroke SI engine and a two-stroke CI engine 
are shown in Figs. 1.4 and 1•5, respectively. The spark~ignition engine is a four• 
cylinder in-line automobile engine. The diese) is a Jarge V eight-cylinder design 
with a uniflow scavenging process. The function of the major components of 
these engines and their construction materials will now be reviewed. 

Thie engine cylinders are contained in the engine block. The block has tradi­
tionally been made of gray cast iron because of its good wear resistance and low 
cost. Pa:ssages for the cooling water are oast into the block. Heavy.duty and 
truck enigi.nes often use removable cylinder sleeves pressed into the block that can 
be repla,::ed when worn. These are called wet liners or dry liners depending on 
whether the sleeve is in direct contact with the cooling water. Aluminum is being 
used inclreasingly in smaller SI engine blocks to reduce engine weight. Iron cylin­
der liners may be inserted at the casting stage, or later on in the machining and 
assembly process. The crankcase is often integral with the cylinder block. 

The crankshaft has traditionally been a steel forging; nodular cast iron 
crankshafts are also accepted normal practice in automotive engines. The crank­
shaft is supported in main bearings. The maximum number of main bearings is 
one more than the number of cylinders; there may be less. The crank has eccen­
tric portions (crank throws); the connecting rod big-end bearings attach to the 
crank piln on each throw. Both main and connecting rod bearings use steel­
backed precision inserts with bronze, babbit, or aluminum as the bearing 
material!S. The crankcase is sealed at the bottom with a pressed-steel or cast 
aluminum oil pan which acts as an oil reservoir for the lubricating system, 

t It is primarily for this reason that two-stroke Sl engines are at a disadvantage because the lost fresh 
charge con1tains fuel and air. 
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Cutaway drawing of Chrysler 2.2-liter displacernent four-cylinder spark-ignition engine.11 Bore 87.5 
mm, stroke 92 mm, compression ratio 8.9, maximum power 65 kW at 5000 rev/min. 

Pistons are made of aluminum in small engines or cast iron in larger 
slower-speed engines. The piston both seals the cylinder and transmits the 
combustion-generated gas pressure to the crank pin via the connecting rod. The 
connecting rod, usuaJJy a steel or alloy forging (though sometimes aluminum in 
small engines), is fastened to the piston by means of a steel piston pin through the 
rod upper end. The piston pin is usually hollow to reduce its weight. 
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Cross-section drawing of an Electro-Motive two-stroke cycle diesel engine. This engine uses a uniflow 
scave111girtg process with inlet ports in the cylinder liner and four exhaust valves in the cylinder head. 
Bore 230.2 mm, stroke 254 mm, displaced volume per cylinder 10.57 liters, rated speed 750--900 
rev/min. (Courtesy Electro•Motive Division, General Motors Corporation.) 

The oscillating motion of the connecting rod exerts an oscillating force on 
the cylinder wa11s via the piston skirt (the region below the piston rings). The 
pisto1:1 skirt is usually shaped to provide appropriate thrust surfaces. The piston 
is fitt,~d with rings which ride in grooves cut in the piston head to seal against gas 
leakage and control oil flow. The upper rings are compression rings which are 
forced outward against the cylinder wall and downward onto the groove face. 
The lower rings scrape the surplus oil from the cylinder wall and return it to the 
crankcase. The crankcase must be ventilated to remove gases which blow by the 
pisto1:1 rings, to prevent pressure buildup. 

The cylinder head (or heads in V engines) seals off the cylinders and is made 
of cast iron or aluminum. It must be strong and rigid to distribute the gas forces 
acting on the head as uniformly as possible through the engine block. The cylin­
der head contains the spark plug (for an SI engine) or fuel injector (for a CI 
engin1e)1 and, in overhead valve engines, parts of the valve mechanism. 
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The valves shown in Fig. 1-4 are poppet valves, the valve type normally used 
in four-stroke engines. Valves are made from forged alloy steel; the cooling of the 
exhaust valve which operates at about 700°C may be enhanced by using a hollow 
stem partially filled with sodium which through evaporation and condensation 
carries heat from the hot valve head to the cooler stem. Most modern spark­
ignition engines have overhead valve locations (sometimes called valve-in-head or 
I-head configurations) as shown in Fig. 1-4. This geometry leads to a compact 
combustion chamber with mirumum heat losses and flame travel time, and 
improves the breathing capacity. Previous geometries such as the L head where 
valves are to one side of the cylinder are now only used in small engines. 

The valve stem moves in a valve guide, which can be an integral part of the 
cylinder head (or engine block for L-head engines), or may be a separate unit 
pressed into the head (or block). The valve seats may be cut in the head or block 
metal (if cast iron) or hard steel inserts may be pressed into the head or block. A 
valve spring, attached to the valve stem with a spring washer and split keeper, 
holds the valve closed. A valve rotator turns the valves a few degrees on opening 
to wipe the valve seat, avoid local hot spots, and prevent deposits building up in 
the valve guide. 

A camshaft made of cast iron or forged steel with one cam per valve is used to 
open and close the valves. The cam surfaces are hardened to obtain adequate life. 
In four-stroke cycle engines, camshafts turn at one-half the crankshaft speed. 
Mechanical or hydraulic lifters or tappets slide in the block and ride on the cam. 
Depending on valve and camshaft location, additional members are required to 
transmit the tappet motion to the valve stem; e.g., in in-head valve engines with 
the camshaft at the side, a push rod and rocker arm are used. A recent trend in 
automotive engines is to mount the camshaft over the head with the cams acting 
either directly or through a pivoted follower on the valve. Camshafts are gear, 
belt, or chain driven from the crankshaft. 

An intake manifold (aluminum or cast iron) and an exhaust manifold 
(generally of cast iron) complete the SI engine assembly. Other engine com­
ponents specific to spark~ignition engines-carburetor, fuel injectors, ignition 
systems-are described more fully in the remaining sections in this chapter. 

The two-stroke cycle CI engine shown in Fig. 1-5 is of the unifl.ow scav­
enged design. The burned gases exhaust through four valves in the cylinder head. 
These valves are controlled through cam-driven rocker arms. Fresh air is com­
pressed and fed to the air box by a Roots blower. The air inlet ports at the 
bottom of each cylinder liner are uncovered by the descending piston, and the 
scavenging air flows upward along the cylinder axis. The fuel injectors are 
mounted in the cylinder head and are driven by the camshaft through rocker 
arms. Diesel fuel-injection systems are discussed in more detail in Sec. 1.7. 

l.S SPARK-IGNITION ENGINE OPERATION 

In SI engines the air and fuel are usually mixed together in the intake system 
prior to entry to the engine cylinder, using a carburetor (Fig. 1-6) or fuel -injection 
system (Fig. 1-7). In automobile applications, the temperature of the air entering 
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Cross section of single-barrel downdralft carburctor.12 (Co11rtesy Roberc Bosch GmbH and SAE.) 

the intake system is controlled by mixing ambient air with air heated by contact 
with the exhaust manifold. The ratio of mass flow of air to mass flow of fuel must 
be held approximately constant at about 15 to ensure reliable combustion. The 
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Schematic drawing of L-Jetronic port electronic fuel-injection system.12 (Courtesy Robert Bosch 
GmbI-1 and SAE.) 
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carburetor meters an appropriate fuel flow for the engine air flow in the following 
rnanner. The air flow through the venturi (a converging-dlverging nozzle) sets up 
a pressure difference between the venturi inlet and throat which is used to meter 
an appropriate amount of fuel from the float chamber, through a series of ori­
fices, into the air fl.ow at the venturi throat. Just downstream of the venturi is a 
throttle valve or plate which controls the combined air and fuel flow, and thus 
the engine output. The intake flow is throttled to below atmospheric pressure by 
reducing the flow area when the power required {at any engine speed) is below 
the maximum which is obtained when the throttle is wide open. The intake mani­
fold is usually heated to promote faster evaporation of the liquid fuel and obtain 
more uniform fuel distribution between cylinders. 

Fuel injection into the intake manifold or inlet port is an increasingly 
common alternative to a carburetor. With port injection, fuel is injected through 
individual injectors from a low-pressure fuel supply system into each intake port. 
There are several different types of systems: mechanical injection using an injec­
tion pump driven by the engine; mechanical, driveless, continuous injection; elec­
tronically controlled, driveless, injection. Figure 1-7 shows an example of an 
electronically controlled system. In this system, the air flow rate is measured 
directly; the injection valves are actuated twice per cam shaft revolution by injec­
tion pulses whose duration is determined by the electronic control unit to 
provide the desired amount of fuel per cylinder per cycle. 12 An alternative 
approach is to use a single fuel injector located above the throttle plate in the 
position normally occupied by the carburetor. This approach permits electronic 
control of the fuel flow at reduced cost. 

The sequence of events which take place inside the engine cylinder is illus­
trated in Fig. 1-8. Several variables are plotted against crank angle through the 
entire four-stroke cycle. Crank angle is a useful independent variable because 
engine processes occupy almost constant crank angle intervals over a wide range 
of engine speeds. The figure shows the valve timing and volume relationshjp for a 
typical automotive spark-ignition engine. To maintain high mixture flows at high 
engine speeds (and hence high power outputs) the inlet valve, which opens before 
TC, closes substantially after BC. During intake, the inducted fuel and air mix in 
the cylinder with the residual burned gases remaining from the previous cycle. 
After the intake valve closes, the cylinder contents are compressed to above 
atmospheric pressure and temperature as the cylinder volume is reduced. Some 
heat transfer to the piston, cylinder head, and cylinder walls occurs but the effect 
on unburned gas properties is modest. 

Between 10 and 40 crank angle degrees before TC an electrical discharge 
across the spark plug starts the combustion process. A distributor, a rotating 
switch driven off the camshaft, interrupts the current from the battery through 
the primary circuit of the ignition coil. The secondary winding of the ignition 
coil, connected to the spark plug, produces a high voltage across the plug elec­
trodes as the magnetic field collapses. Traditionally, cam-operated breaker points 
have been used; in most automotive engines, the switching is now done elec­
tronically. A turbulent flame develops from the spark discharge, propagates 
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Sequence of events in four-stroke spark-ignition engine operating cycle. Cylinder pressure p (solid 
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are plotted against crank angle. 

across the mixture of air, fuel, and residual gas in the <;ylinder, and extinguishes 
at the combustion chamber wall. The duration of this burning process varies with 
engine design and operation, but is typically 40 to 60 crank angle degrees, as 
shown in Fig. 1-8. As fuel-air mixture burns in the flame, the cylinder pressure in 
Fig. 1-8 (solid line) rises above the level due to compre:ssion alone (dashed line). 
This latter curve-called the motored cylinder pressure-is the pressure trace 
obtained from a motored or nonfiring engine.1' Note tha,t due to differences in the 
flow pattern and mixture composition between cylinde1rs, and within each cylin­
der cycle-by-cycle, the development of each combustion process differs somewhat. 
As a result, the shape of the pressure versus crank ang,le curve in each cylinder, 
and cycle-by-cycle, is not exactly the same. 

There is an optimum spark timing which, for a given mass of fuel and air 
inside the cylinder, gives maximum torque. More advanced (earlier) timing or 
retarded (later) timing than this optimum gives lower output. Called maximum 

t In practice, the intake and compression processes of a firing engine and a motored engine are not 
cx.actly the same due to the presence of burned gases from the previou.8 cycle under firing conditions. 
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brake-torque (MBT) timing,t this optimum timing is an empirical compromise 
between starting combustion too early in the compression stroke (when the work 
transfer is w the cylinder gases) and completing combustion too late in the 
expansion stroke (and so lowering peak expansion stroke pressures). 

About two-thirds of the way through the expansion stroke, the exhaust 
valve starts to open. The cylinder pressure is greater than the exhaust manifold 
pressure and a blowdown process occurs. The burned gases flow through the 
valve into the exhaust port and manifold until the cylinder pressure and exhaust 
pressure equilibrate. The duration of this process depends on the pressure level in 
the cylinder. The piston then displaces the burned gases from the cylinder into the 
manifold during the exhaust stroke. The exhaust valve opens before the end of 
the expansion stroke to ensure that the blowdown process does not last too far 
into the exhamst stroke. The actual timing is a compromise which balances 
reduced work transfer to the piston before BC against reduced work transfer to 
the cylinder contents after BC. 

The exhaust valve remains open until just after TC; the intake opens just 
before TC. The valves are opened and closed slowly to avoid noise and excessive 
cam wear. To ensure the valves are fully open when piston velocities are at their 
highest, the valve open periods often overlap. If the intake flow is throttled to 
below exhaus1t manifold pressure, then backflow of burned gases into the intake 
manifold occurs when the intake valve is first opened. 

1.6 EXAM:PLES OF SPARK-IGNITION 
ENGINES 

This section presents examples of production spark-ignition engines to illustrate 
the different types of engines in common use. 

Small Sll engines are used in many applications: in the home (e.g., lawn 
mowers, chaun saws), in portable power generation, as outboard motorboat 
engines, and i1n motorcycles. These are often single-cylinder engines. In the above 
applications, light weight, small bulk, and low cost in relation to the power gen­
erated are the most important characteristics; fuel consumption, engine vibration, 
and engine dmability are less important. A single-cylinder engine gives only one 
power stroke per revolution (two-stroke cycle) or two revolutions (four-stroke 
cycle). Hence, the torque pulses are widely spaced, and engine vibration and 
smoothness are significant problems. 

Multicylinder engines are invariably used in automotive practice. As rated 
power increas,es, the advantages of smaller cylinders in regard to size, weight, and 
improved engiine balance and smoothness point toward increasing the number of 

•t MDT timing ha1s traditionally been defined as the minimum spark advance for best torque. Since 
the torque first in.creases and then decreases as spark timing is advanced, the definition used here is 
more precise. 
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cylinders per engine. An upper limit on cylinder 8ize is dictated by dynamic con. 
siderations: the inertial forces that are created by accelerating and decelerating 
the reciprocating masses of the piston and connecting rod would quickly limit the 
maximum speed of the engine. Thus, the displaced volume is spread out amongst 
several smaller cylinders. The increased frequency of power strokes with a multi~ 
cylinder engine produces much smoother torque characteristics. Multicylinder 
engines can also achieve a much better state of balance than single-cylinder 
engines. A force must be applied to the piston to accelerate it during the first half 
of its travel from bottom-center or top-center. Thie piston then exerts a force as it 
decelerates during the second part of the stroke. It is desirable to cancel these 
inertia forces through the choice of number arnd arrangement of cylinders to 
achieve a primary balance. Note, however, that the motion of the piston is more 
rapid during the upper half of its stroke than during the lower half (a conse­
quence of the connecting rod and crank mechanism evident from Fig. 1-1; see 
also Sec. 2.2). The resulting inequality in piston acceleration and deceleration 
produces corresponding differences in inertia forces generated. Certain com­
binations of cylinder number and arrangement will balance out these secondary 
inertia force effects. 

Four-cylinder in-Jine engines are the most common arrangements for auto­
mobile engines up to about 2.5-liter displaceme:nt. An example of this in-line 
arrangement was shown in Fig. 1-4. It is compai.;t- an important consideration 
for small passenger cars. It provides two torqU1e pulses per revolution of the 
crankshaft and primary inertia forces (though not secondary forces) are balanced. 
V engines and opposed-piston engines are occasionally used with this number of 
cylinders. 

Th.e V arrangement, with two banks of cylinders set at 90° or a more acute 
angle to each other, provides a compact block and is used extensively for larger 
displacement engines. Figure 1-9 shows a V-6 engine1 the six cylinders being 
arranged in two banks of three with a 60° angle loetween their axis. Six cylinders 
are usually used in the 2.5- to 4.5-liter displacement range. Six-cylinder engines 
provide smoother operation with three torque pulses per revolution. The in-line 
arrangement results in a long engine, however, giving rise to crankshaft torsional 
vibration and making even distribution of air ~md fuel to each cylinder more 
difficult. The V-6 arrangement is much more compact, and the example shown 
provides primary balance of the reciprocating components. With the V engine, 
however, a rocking moment is imposed on the crankshaft due to the secondary 
inertia forces, which results in the engine being lei,s well balanced than the in-line 
version. The V-8 and V-12 arrangements are ailso commonly used to provide 
compact, smooth, low-vibration, larger-displacemient, spark-ignition engines. 

Turbochargers are used to increase the maximum power that can be 
obtained from a given displacement engine. The work transfer to the piston per 
cycle, in each cylinder, which controls the power the engine can deliver, depends 
on the amount of fuel burned per cylinder per cyde. This depends on the amount 
of fresh air that is inducted each cycle. Increasing the air density prior to entry 
into the engine thus increases the maximum power that an engine of given dis-
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FIGURE 1-9 
Cross-section drawings of General Motors 60 degree Y-6 spark-ignition engine. 13 Displacement 2.8 liter, bore 89 mm, stroke 76 mm, compression ratio 8.5, 
maximum power 86 kW at 4800 rev/min. 
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placement can deHver. Figure 1-10 shows an example of a turbocharged four.­
cylinder spark-ignition engine. The turbocharger, a compressor-turbirn: 
combination, uses the energy available in the engine exhaust stream to achieve 
compression of the intake flow. The air fl.ow passes through the compressor (2}, 
intercooler (3), carburetor (4)1 manifold (5), and inlet valve (6) as shown. Engine 
inlet pressures (or boost) of up to about 100 kPa above atmospheric pressure am 
typical. The exhaust flow through the valve (7) and manifold (8) drives the~ 
turbine (9) which powers the compressor. A wastegate (valve) just upstream of the: 
turbine bypasses some of the exhaust gas flow when necessary to prevent th«: 
boost pressure becoming too high. The wastegate linkage (11) is controlled by a 
boost pressure regulator. While this turbocharged engine configuration has the 
carburetor downstream of the compressor, some turbocharged spark-ignjtion 
engines have the carburetor upstream of the compressor so that it operates at oir 
below atmospheric pressure. Figure 1-J 1 shows a cutaway drawing of a small 
automotive turbocharger. The arrangements of the compressor and turbine 

FIGURE 1-10 
Turbocharged four-cylinder automotive spark-ignition engine. (Co11rtesy Regie Nationa/e des Usines.) 
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Cutaway view of small automotive engine turbocharger. (Courtesy Nissan Motor Co., Led.) 

rotors connected via the central shaft and of the turbine and compressor flow 
passages are evident. 

Figure 1-12 shows a two-stroke cycle spark-ignition engine. The two-stroke 
cycle spark-ignition engine is used for sma!J-engine applications where low cost 
and weight/power ratio are important and when the use factor is low. Examples 
of such applications are outboard motorboat engines, motorcycles, and chain 
saws. All such engines are of the carburetor crankcase-compression type which is 
one of the simplest prime movers available. It has three moving parts per cylin­
der: the piston, connecting rod, and the crank. The prime advantage of the two­
stroke cycle spark-ignition engine relative to the four-stroke cycle engine is its 
higher power per unit displaced volume due to twice the number of power 
strokes per crank revolution. This is offset by the lower fr,esh charge density 
achieved by the two-stroke cycle gas-exchange process and the loss of fresh 
mixture which goes straight through the engine during scavenging, Also, oil con­
sumption is higher in two-stroke cycle engines due to the need to add oit to the 
fuel to lubricate the piston ring and piston surfaces. 

The Wankel rotary engine is an alternative to the re:ciprocating engine 
geometry of the engines illustrated above. It is used when its compactness and 
higher engine speed (which result in high power/weight and power/volume 
ratios), and inherent balance and smoothness, offset its higher heat transfer, and 
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FIGURE 1-12 
Cutaway drawing of two-cylinder two-stroke cycle loop-scavenged marine spark-ignition engine. Dis­
placed volume 737 cm3, maximum power 41 kW at 5500 rev/ min. (Courle.sy Outboard Marine Corpo• 
ration.) 

its sealing and leakage problems. Figure 1-13 shows the major mechanical parts 
of a simple single-rotor Wankel engine and illustrates its geometry. There are two 
rotating parts: the triangular-shaped rotor and the output shaft with its integral 
eccentric. The rotor revolves directly on the eccentric. The rotor has an internal 
timing gear which meshes with the fixed timing gear on one side housing to 
maintain the correct phase relationship between the rotor and eccentric shaft 
rotations. Thus the rotor rotates and orbits around the shaft axis. Breathing is 
through ports in the center housing (and sometimes the: side housings). The com­
bustion chamber lies between the center housing and rotor surface and is sealed 
by seals at the apex of the rotor and around the perimeters of the rotor sides. 
Figure 1-13 also shows how the Wankel rotary geometry operates with the four­
stroke cycle. The figure shows the induction, compres.sion, power, and exhaust 
processes of the four-stroke cycle for the chamber defined by rotor surface AB. 
The remaining two chambers defined by the other rotoir surfaces undergo exactly 
the same sequence. As the rotor makes one complete rotation, during which the 
eccentric shaft rotates through three revolutions, each chamber produces one 
power " stroke." Three power pulses occur, therefore, for each rotor revel ution; 
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(a) Major components of the Wankel rotary engine; (b) induction, compression, power, and exhaust 
pro~sses of the four-stroke cycle for the chall)ber defined by rotor surface AB. (From Mobil Tecllnica/ 
Bulletin, Rotary Engines,© Mobil Oil Corporation, 1971.) 

thus for each 1eccentric (output) shaft revolution there is one power pulse. Figure 
1-14 shows a cutaway drawing of a two-rotor automobile Wankel engine. The 
two rotors ar1e out of phase to provide a greater number of torque pulses per 
shaft revolution. Note the combustion chamber cut out in each rotor face, the 
rotor apex, allld side seals. Two spark plugs per firing chamber are often used to 
obtain a faster combustion process. 

1.7 COMPRESSION-IGNITION ENGINE 
OPERATION 

In compression-ignition engines, air alone is inducted into the cylinder. The fuel 
(in most appHcations a light fueJ oil, though heated residual fuel is used in marine 
and power-generation applications) is injected directly into the engine cylinder 
just before th1~ combustion process is required to start. Load control is achieved 
by varying th1e amount of fuel injected each cycle; the air flow at a given engine 
speed is essentially unchanged. There are a great variety of CJ engine designs in 
use in a wide range of applications-automobile, truck, locomotive, marine, 
power generatt.ion. Naturally aspirated engines where atmospheric air is inducted, 
turbocharged engines where the inlet air is compressed by an exhaust-driven 
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turbine-compressor combination, and supercharged engines where the air is com­
pressed by a mechankally driven pump or blower are common. Turbocharging 
and supercharging increase engine output by increasing the air mass flow per unit 
displaced volume, thereby allowing an increase in fuel flow. These methods are 
used, usually in larger engines, to reduce engine size and weight for a given power 
output. Except in smaller engine sizes, the two-stroke cycle is competitive with 
the four-stroke cycle, in large part because, with the diesel cycle, only air is lost in 
the cylinder scavenging process. 

The operation of a typical four-stroke naturally aspirated CI engine is illus­
trated in Fig. 1-15. The compression ratio of diesels is much higher than typical 
SI engine values, and is in the range 12 to 24, depending on the type of diesel 
engine and whether the engine is naturally aspirated or turbocharged. The valve 
timings used are similar to those of SI engines. Air at close-to-atmospheric pres­
sure is inducted during the intake stroke and then compressed to a pressure of 
about 4 MPa (600 lb/in2

) and temperature of about 800 K (l000°F) during the 
compression stroke. At about 20° before TC, fuel injection into the engine cylin­
der commences; a typical rate of injection profile is shown in Fig. 1-15b. The 
liquid fuel jet atomizes into drops and entrains air. The liquid fuel evaporates; 
fuel vapor then mixes with air to within combustible proportions. The air tem­
perature and pressure are above the fuel's ignition point. Therefore after a short 
delay period, spontaneous ignition (autoignition) of parts of the nonuniform fuel­
air mixture initiates the combustion process, and the cylinder pressure (solid line 
in Fig. l -15c) rises above the nonfuing engine level. The flame spreads rapidly 
through that portion of the injected fuel which has already mixed with sufficient 
air to burn. As the expansion process proceeds, mixing between fuel, air, and 
burning gases continues, accompanied by further combustion (see Fig. l-l 5d). At 
full load, the mass of fuel injected is about 5 percent of the mass of air in the 
cylinder. Increasing leveJs of black smoke in the exhaust limit the amount of fuel 
that can be burned efficiently. The exhaust process is similar to that of the four­
stroke SI engine. At the end of the exhaust stroke, the cycle starts again. 

In the two-stroke CI engine cycle, compression, fuel injection, combustion, 
and expansion processes are similar to the equivalent four-stroke cycle processes; 
it is the intake and exhaust pressure which are different. The sequence of events 
in a loop-scavenged two-stroke engine is illustrated in Fig. 1-16. In loop­
scavenged engines both exhaust and inlet ports are at the same end of the cylin­
der and are uncovered as the piston approaches BC (see Fig. 1-16a). After the 
exhaust ports open, the cylinder pressure falls rapidly in a blowdown process 
(Fig. J-16b). The inlet ports then open, and once the cylinder pressure p falls 
below the inlet pressure p1, air flows into the cylinder. The burned gases, dis­
placed by this fresh air, continue to flow out of the exhaust port (along with some 
of the fresh air). Once the ports close as the piston starts the compression stroke, 
compression, fuel-injection, fuel-air mixing, combustion and expansion processes 
proceed as in the four-stroke Cl engine cycle. 

The diesel fuel-injection system consists of an injection pump, delivery 
pipes, and fuel injector nozzles. Several different types of injection pumps and 
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nozzles are used. In one common fuel pump (an in-limi pump design shown in 
Fig. 1-17) a set of cam-driven plungers (one for each cyllinder) operate in closely 
fitting barrels. Early in the stroke of the plunger, the inlet port is closed and the 
fuel trapped above the plunger is forced through a check valve into the injection 
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sure p, exhaust port open area Ae, and intake port open area A, are plotted against crank angle. 

line. The injection nozzle (Fig. 1-18) has one or more holes through which the 
fuel sprays into the cylinder. A spring-loaded valve closes these holes until the 
pressure in the injection line, acting on part of the valve surface, overcomes the 
spring force and opens the valve. Injection starts shortly after the line pressure 
begins to rise. Thus, the phase of the pump camshaft relative tq the engine crank­
shaft controls the start of injection. Injection is stopped when the inlet port of the 
pump is uncovered by a helical groove in the pump plunger, because the high 
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Diesel fuel system with in-line fuel-injection pump (type PE). 12 (Co11rtesy Robert Bosch Gmbfl.) 

pressure above the plunger is then released (Fig. 1-18), The amount of fuel 
injected (which controls the load) is determined by the injection pump cam design 
and the position of the helical groove. Thus for a given cam design, rotating the 
plunger and its helical groove varies the load. 

Distributor-type pumps have only one pump plunger and barrel, which 
meters and distributes the fuel to all the injection nozzles. A schematic of a 
distributor-type pump is shown in Fig. 1-19. The unit contains a low-pressure 
fuel pump (on left), a high-pressure injection pump (on right), an overspeed gov­
ernor, and an injection timer. High pressure is generated by the plunger which is 
made to describe a combined rotary and stroke movement by the rotating eccen­
tric disc or cam plate; the rotary motion distributes the fuel to the individual 
injection nozzles. 
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Distributor pumps can operate at higher speed and take up less space than 
in-line pumps. They are normally used on smaller diesel engines. In-line pumps 
are used in the mid-engine-size range. In the larger diesels, individual single­
barrel injection pumps, close mounted to each cylinder with an external drive as 
shown in Fig. 1-5, are normally used. 

1.8 EXAMPLES OF DIESEL ENGINES 

A large number of diesel engine configurations and designs are in common use. 
The very large marine and stationary power-generatjng dies:els are two-stroke 
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cycle engines. Small- and medium-size engines use the four-stroke cycle. Because 
air capacity is an important constraint on the amount of fuel that can be burned 
in the diesel engine, and therefore on the engine's power, turbocharging is used 
extensively. All large engines ar1:! turbocharged. The majority of smaller diesels 
are not turbocharged, though 1they can be turbocharged and many are. The 
details of the engine design also vary significantly over the diesel size range. In 
particular, different combustion 1;;hamber geometries and fuel-injection character­
istics are required to deal effectively with a major diesel engine design problem­
achieving sufficiently rapid fuel,.air mixing rates to complete the fuel-burning 
process in the time available. A wide variety of inlet port geometries, cylinder 
head and piston shapes, and fu<::1-injection patterns are used to accomplish this 
over the diesel size range. 

Figure 1-20 shows a diesel 1:mgine typical of the medium-duty truck applica­
tion. The design shown is a six-cylinder in-line engine. The drawing indicates that 
diesel engines are generally substantially heavier than spark-ignition engines 
because stress levels are higher idue to the significantly higher pressure levels of 
the diesel cycle. The engine shown has a displacement of 10 liters, a compression 
ratio of 16.3, and is usually tuirbocharged. The engine bas pressed-in cylinder 
liners to achieve better cylinder wear characteristics. This type of diesel is called a 
direct-injection diesel The fuel :is injected into a combustion chamber directly 
above the piston crown. The combustion chamber shown is a •~bowl-in-piston'' 
design, which puts most of the cJiearance volume into a compact shape. With this 

";'I 
I 
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5;ze of diesel engine, it is often necessary to use a swirling air flow rotating about 
the cylinder axis, which is created by suitable design of the inlet port and valve, 
to achieve adequate fuel-air mixing and fuel burning rates. The fuel injector, 
shown left-of-center in the drawing, has a multihole nozzle, typically with three to 
five holes. The fuel jets move out radially from the center of the piston bowl into 
the (swirling) air flow. The in-line fuel-injection pump is nonn:ally used with this 
type of diesel engine. 

Figure 1-21 shows a four.cylinder in-line overhead-valve-cam design auto­
mobile diesel engine. The smallest diesels such as this operate! at higher engine 
speed than larger engines; hence the time available for burning the fuel is less and 
the fuel-injection and combustion system must achieve fast,er fuel-air mixing 
rates. This is accomplished by using an indireci-injection typ<:: of diesel. Fuel is 
injected into an auxiliary combustion chamber which is separated from the main 
combustion chamber above the piston by a flow restriction or :nozzle. During the 
tatter stages of the compression process, air is forced through this nozzle from the 

FIGURE 1-20 
Direct-injection four-stroke cycle six-cylinder turbocharged Cummins diesel engine. Displaced volume 
JO liters, bore 125 mm, stroke 136 mm, compression ratio 16.3, maximum po,wer 168 to 246 kW at 
rated speed of 2100 rev/min. (Collrtesy Cummins Engine Company, Inc.) 
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FIGURE 1-21 
Four-cylinder naturally aspirated indirect-injection automobile Volkswagen diesel engine, 111 Dis• 
placed volume 1.47 liters, bore 76.5 ~ stroke 80 mm, maximum power 37 kW at 5000 rev/min. 

cylinder into the prechamber at high velocity. Fuel is injected into this highly 
turbulent and often rapidly swirling flow in this auxiliary or prechamber, and 
very high mixing rates are achieved. Combustion starts in the prechamber, and 
the resulting pressure rise in the prechamber forces burning gases, fuel, and aiir 
into the~ main chamber. Since this outflow is also extremely vigorous, rapid 
mixing then occurs in the main chamber as the burning jet mixes with the 
remaining air and combustion is completed. A distributor-type fuel pump, which 
is normally used in this engine size range, driven off the camshaft at half the 
crankshaft speed by a toothed belt, is shown on the t ight of the figure. It supplie:s 
high-pressure fuel pulses to the pintle-type injector nozzles in turn. A glow plug its 
also shown in the auxiliary chamber; this plug is electrically heated prior to and 
during cold engine start-up to raise the temperature of the air charge and the fm,l 
sufficie111tly to achieve autoignition. The compression ratio of this engine is 23. 
Indirect-injection diesel engines require higher compression ratios than direc1t­
injectio1n engines to start adequately when cold. 
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Diesel engines are turbocharged to achieve higher power/weight ratios. By 
increasing the density of the inlet air, a given displaced volume can induct more 
ajr. Hence more fuel can be injected and burned, and more power delivered, while 
avoiding excessive black smoke in the exhaust. All the larger diesels are turbo­
charged; smaller diesels can be and often are. Figure 1-22 shows how a turbo­
charger connects to a direct-injection diesel. 

Ail the above diesels are water cooled; some production diesels are air 
cooled. Figure 1-23 shows a V-8 air-cooled direct-injection naturally aspirated 

FIGURE 1·22 
Turbocharged aftercooled direct-injection four-stroke cycle Caterpillar six-cylinder in-line heavy-duty 
truck diesel engine. Bore 137.2 mm, stroke 165.l mm, rated power 200-300 kW and rated speed of 
1600-2100 rev/min depending on application. (Courtesy Caterpillar Tractor Company.) 
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FIGURE 1-23 
V-8 air-cooled direct-injection naturally aspirated diesel engine. Displacement 13.4 liter, bore 128 mm, 
stroke 130 mm, compression ratio 17, maximum rated power 188 kW at rated speed of 2300 rev/min 
(Courtesy Klocker-Humboldt-Deutz AG. 1 5

) 

diesel. The primary advantage compared to the water-cooled engines is lower 
engine weight The fins on the cylinder block and head are necessary to increase 
the external heat-transfer surface~ area to achieve the required heat rejection. An 
air blower, shown on the right of the cutaway drawing, provides forced air con­
vection over the block. The blower is driven off the injection pump shaft, which 
in turn is driven off the camsh~Lft. The in-line injection pump is placed between 
the two banks of cylinders. The injection nozzles are located at an angle to the 
cylinder axis. The combustion chamber and fuel-injection characteristics are 
simHar to those of the engine in Fig. 1-22. The nozzle shown injects four fuel 
sprays into a reentrant bowl-in-piston combustion chamber. 

Diesels are also made in very large engine sizes. These large engines are 
used for marine propulsion and electrical power generation and operate on the 
two-stroke cycle in contrast to the small- and medium-size diesels illustrated 
above. Figure 1-24 shows such a two-stroke cycle marine engine, available with 
from 4 to 12 cylinders, with a maximum bore of 0.6-0.9 m and stroke of 2-3 m, 
which operates at speeds of about 100 rev/min. These engines are normally of the 
crosshead type to reduce side forces on the cylinder. The gas exchange between 
cycles is controlled by first opening the exhaust valves, and then the piston 
uncovering inlet ports in the cylinder liner. Expanding exhaust gases leave the 
cylinder via the exhaust valves :md manifold and pass through the turbocharger 
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FIGURE 1-24 
Large Sulzer two-stroke turbocharged marirte 
diesel engine. Bore 840 mm, stroke 2900 mm, 
rated power 1.9 MW per cylinder at 78 rev/min, 4 
to 12 cylinders. (Couriesy Sulzer Brothers Ltd.) 

turbine. Compressed air enters via the inlet ports and induces forced scavenging; 
air is supplied from the turbocharger and cooler. At part load electrically driven 
blowers cut in to compress the scavenge air. Because these large engines operate 
at low speed, the motion induced by the centrally injected fuel jets is sufficient to 
mix the fuel with air and burn it in the time available. A simple open combustion 
chamber shape can be used, therefore, which achieves efficient combustion even 
with the low-quality heavy fuels used with these types of engines. The pistons are 
water cooled in these very large engines. The splash oil piston cooling used in 
medium- and small-size diesels is not adequate. 

1.9 STRATIFIED-CHARGE ENGINES 

Since the 1920s, attempts have been made to develop a hybrid internal com­
bustion engine that combines the best features of the spark-ignition engine and 
the diesel. The goals have been to operate such an engine at close to the optimum 
compression ratio for efficiency (in the 12 to 15 range) by: (1) injecting the fuel 
directly into the combustion chamber during the compression process (and 
thereby avoid the knock or spontaneous ignition problem that limits convention­
al spark-ignition engines with their premixed charge); (2) igniting the fuel as it 
mixes with air with a spark plug to provide direct control of the ignition process 
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(and thereby avoid the fuel ignition-quality requirement of the diesel); (3) control­
ling the engine power level by varying the amount of fue:l injected per cycle (with 
the air fl.ow unthrott)ed to minimize work done pumping the fresh charge into 
the cylinder). Such engines are often called stratified-charge engines from the need 
to produce in the mixing process between the fuel jet andl the air in the cylinder a 
"stratified" fuel-air mixture, with an easily ignitable composition at the spark 
plug at the time of ignition. Because such engines avoid the spark-ignition engine 
requirement for fuels with a high antiknock quality and the diesel requirement 
for fuels with high ignHion quality, they are usually fuel-tolerant and will operate 
with a wide range of liquid fuels. 

Many different types of stratified-charge engine have been proposed, and 
some have been partially or fully developed. A few have even been used in prac­
tice in automotive applications. The operating principles of those that are truly 
fuel-tolerant or multifuel engines are illustrated in Fig. 1-25. The combustion 
chamber is usually a bowl-in-piston design, and a high degree of air swirl is 
created during intake and enhanced in the piston bowl during compression to 
achieve rapid fuel-air mixing. Fuel is injected into the cylinder, tangentially into 
the bowl, during the latter stages of compression. A long-duration spark dis­
charge ignites the developing fuel-air jet as it passes the! spark plug. The flame 
spreads downstream, and envelopes and consumes the !fuel-air mixture. Mixing 
continues, and the final stages of combustion are completed during expansion. 
Most successful designs of this type of engine have use:d the four-stroke cycle. 
This concept is usually called a direct-injection strat!fied-charge engine. The 
engine can be turbocharged to increase its power density. 

Toxaco 

lnjector \ • Spark plug 

Late 
injection 

FIGURE 1-25 

M.A.N. 

Two multifuel stratified-charge engines which have been used in commercial practice: the Texaco 
Controlled Combustion System (TCCS)16 and the M.A.N.-FM System. :i 1 
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FIGURE l-26 
Sectional drawing of M.A.N. high-speed multifueJ four-cylinder direct-injection stratified-charge 
engine. Bore 94.5 mm, stroke 100 mm, displacement 2.65 liters, compression ratio 16.5, rated power 
52 lcW at 3800 rev/min.17 

A commercial multifuel engine is shown in Fig. 1-26. In this particular 
design. the fuel injector comes diagonally through the cylinder head from the 
upper left and injects the fuel onto the hot wall of the deep spherical piston bowl. 
The fuel is carried around the wall of the bowl by the swirling flow, evaporated 
off the wall, mixed with air, and then ignited by the discharge at the spark plug 
which enters the chamber vertically on the right. This particular engine is air 
cooled, so the cylinder block and head are finned to increase surface area. 

An alternative stratified-charge engine concept, which has also been mass 
produced, uses a small prechamber fed during intake with an auxiliary fuel system 
to obtain an easily ignitable mixture around the spark plug. This concept, first 
proposed by Ricardo in the 1920s and extensively developed in the Soviet Union 
and Japan, is often called a jet-ignition or torch-ignition stratified-charge engine. 
Its operating principles are illustrated in Fig. 1-27 which shows a three-valve 
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Schematic of three-valve torch-ignition stratified-charge spark-lgnitioo engin,e. 

COMBUSTION 

carbureted version of the concept. 18 A separate carburetor :and intake manifold 
feeds a fuel-rich mixture (which contains fuel beyond the amount that can be 
burned with the available air) through a separate small i111take valve into the 
prechamber which contains the spark plug. At the same time,. a very lean mixture 
(which contains excess air beyond that required to burn the fuel completely) is fed 
to the main combustion chamber through the main carburetor and intake mani­
fold. During intake the rich prechamber flow fully purges the prechamber 
volume. After intake valve closing, lean mixture from the main chamber is com­
pressed into the prechamber bringing the mixture at the spark plug to an easily 
ignitable, slightly rich, composition. After combustion starts in the prechamber, 
rich burning mixture issues as a jet through the orifice into the main chamber, 
entraining and igniting the lean main chamber charge. Thou~:h called a stratified­
charge engine, this engine is really a jet-ignition concept whc•se primary function 
is to extend the operating limit of conventionally ignited spark-ignition engines 
to mixtures leaner than could normally be burned. 

PROBLEMS 

t.1. Describe the major functions of the following reciprocatin~: engine components: 
piston, connecting rod, crankshaft, cams and camshaft, valves, intake and exhaust 
manifolds. 

1.2. Indicate on an appropriate sketch the different forces that act on the piston, and the 
direction of these forces, during the engine's expansion stroke with the piston, con­
necting rod, and crank in the positions shown in Fig. 1-1. 

1.3. List five important differences between the design and opera,ting characteristics of 
spark-ignition and compression-ignition (diesel) engines. 

1.4. Indicate the approximate crank angle at which the following events in the four-stroke 
and two-stroke internal combustion engine cycles occur on a lil:ie representing the full 
cycle (720° for the four-stroke cycle; 360° for the two-stroke cycle): bottom- and top­
center crank positions, inlet and exhaust valve or port opening and closing, start of 
combustion process, end of combustion process, maximum cylinder pressure. 
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t.5, The two-stroke cycle has twice as many power strokes per crank revolution as the 
four-stroke cycle. However, two-stroke cycle engine power outputs per unit displaced 
volume are less than twice the power output of an equivalent four-stroke cycle engine 
at the same engine speed. Suggest reasons why this potential advantage of the two­
stroke cycle is offset in practice. 

t.6. Suggest reasons why multicylinder engines prove more attractive than single-cylinder 
engines once the total engine displaced volume exceeds a few hundred cubic centi­
meters. 

t.7. The Wankel rotary spark-ignition engine, while lighter and more compact than a 
reciprocating spark-ignition engine of equal maximum power, typically has worse effi­
ciency due to significantly higher gas leakage from the combustion chamber and 
higher total heat loss from the hot combustion gases to the chamber walls. Based on 
the design details in Figs. 1-4, 1-13, and 1-14 suggest reasons for these higher losses. 
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2.1 IMPORTANT ENGINE 
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2 
ENGINE 
DESIGN 

AND OPERATING 
PARAMETERS 

In this chapter, some basic geometrical relationships and the parameters com­
monly used to characterize engi1ne operation are developed. The factors impor­
tant to an engine user are: 

1, The engine's performance over its operating range 
2. The engine's fuel consumption within this operating range and the cost of the 

required fuel 
3. The engine's noise and air polllutant emissions within this operating range 
4. The initial cost of the engine and its installation 
5. The reliability and durability ,of the engine, its maintenance requirements, and 

bow these affect engine availability and operating costs 

These factors control total enginie operating costs- usually the primary consider­
ation of the user-and whether the engine in operation can satisfy environmental 
regulations. This book is concerned primarily with the performance, efficiency, 
and emissions characteristics of engines; the omission of the other factors listed 
above does not, in any way, reduice their great importance. 

42 
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Engine performance is more precisely defined by: 

t. The maximum power (or the maximum torque) available at each speed within 
the useful engine operating range 

2. The range of speed and power over which engine operation is satisfactory 

The following performance definitions are commonly used: 

Maximum rated power. The highest power an engine is allowed to develop 
for short periods of operation. 

Normal rated power. The highest power an engine is allo,wed to develop in 
continuous operation. 

Rated speed. The crankshaft rotational speed at which ra1ted power is devel­
oped. 

2.2 GEOMETRICAL PROPERTIES OF 
RECIPROCATING ENGINES 

The following parameters define the basic geometry of a reciprocating engine (see 
Fig. 2-1): 

Compression ratio r,: 

maximum cylinder volume V,, + ~ 
re = minimum cylinder volume = ~ 

where V,, is the displaced or swept volume and ~ is the clearance volume. 
Ratio of cylinder bore to piston stroke: 

B 
R --

bs - L 

Ratio of connecting rod length to crank radius: 

l 
R =-

a 

In addition, the stroke and crank radius are related by 

L= 2a 

(2.1) 

(2.2) 

(2.3) 

Typical values of these parameters are: re = 8 to 12 for SI engines and re- = 12 to 
24 for Cl engines; B/ L = 0.8 to 1.2 for small- and medium-siz1e engines, decreas­
ing to about 0.5 for large slow-speed CI engines; R = 3 to 4 for small- and 
medium-size engines, increasing to 5 to 9 for large slow-speed CI engines. 

The cylinder volume V at any crank position 0 is 

nB2 
V = ~ + 4 (1 + a - s) (2.4) 
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I TC 
...._-- B--- II 

[. 

~ BC 

FIGURE 2-1 
Geometry of cylinder, piston, connecting rod, 
and crankshaft where B = bore, L = stroke, 
I = connecting road length, a = crank radius, 6 = 
crank angle. 

wheres is the distance betweem the crank axis and the piston pin axis (Fig. 2-1), 
and is given by 

s = a cos fJ + (12 
- a2 sin 2 0)112 (2.5) 

The angle fJ, defined as shown in Fig. 2-1, is called the crank angle. Equation (2.4) 
with the above definitions can lbe rearranged: 

~ = 1 + ½ (re - l)[R + 1 - cos 0 - (R2 - sin2 0) 112
] (2.6) 

The combustion chamber surface area A at any crank position 0 is given by 

A = Ach + AP + nB(l + (l - s) (2.7) 

where Ach is the cylinder head surface area and Av is the piston crown surface 
area. For flat-topped pistons, AP= nB2/4. Using Eq. (2.5), Eq. (2-7) can be rear­
ranged: 

A= A0h +AP+ 1t.~L [R + 1 - cos 0 - (R 2 - sin2 0)112] (2.8) 

An important characteristic speed is the mean piston speed SP: 

Sp=2LN (2.9) 

where N is the rotational speerd of the crankshaft. Mean piston speed is often a 
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0 90 180 Instantaneous piston speed/mean piston speed 
TC Crank angle, 0 BC as a function of crank angle for R = 3.5. 

more appropriate parameter than crank rotational speed for correlating engine 
behavior as a function of speed. For example, gas-flow velocities in the intake 
and the cylinder all scale with SP. The instantaneous piston velocity SP is obtained 
from 

S = ds 
v dt 

(2.10) 

The piston velocity is zero at the beginning of the stroke, reaches a maximum 
near the middle of the stroke, and decreases to zero at the end of the stroke. 
Differentiation of Eq. (2.5) and substitution gives 

~ _ !: . [ cos 0 ] 
SP - 2 sm 0 1 + (Rz - sin2 0)112 (2.11) 

Figure 2-2 shows hows, varies over each stroke for R = 3.5. 
Resistanc:e to gas flow into the engine or stresses due to the inertia of the 

moving parts limit the maximum mean piston speed to within the range 8 to 15 
m/s (1500 to 3000 ft/min). Automobile engines operate at the higher end of this 
range; the lowc~r end is typical of large marine diesel engines. 

2.3 BRAKE TORQUE AND POWER 

Engine torque: is normally measured with a dynamometer. 1 The engine is 
clamped on a test bed and the shaft is connected to the dynamometer rotor. 
Figure 2-3 illu1strates the operating principle of a dynamometer. The rotor is 
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Load 
cell 

FIGURE 2-3 
Schematic of principl1~ of operation of dynamometer. 

coupled electromagnetically, hydraulically, or by mechanical friction to a stator, 
which is supported in low friction bearings. The stator iH balanced with the rotor 
stationary. The torque exerted on the stator with the rotor turning is measured 
by balancing the stator with weights, springs, or pneumatic means. 

Using the notation in Fig. 2-3, if the torque exerted by the engine is T: 

T=Fb (2.12) 

The power P delivered by the engine and absorbed by the dynamometer is the 
product of torque and angular speed: 

P = 2nNT 

where N is the crankshaft rotational speed. In SI units: 

P(kW) = 2nN(rev/s)T(N ·m) x 10- 3 

or in U.S. units: 

(
h ) = N(rev/min) T{lbf • ft) 

P p 5252 

(2.13a) 

(2.13b) 

(2.13c) 

Note that torque is a measure of an engine's ability to d<> work; power is the rate 
at which work is done. 

The value of engine power measured as described above is called brake 
power Pb. This power is the usable power delivered by the engine to the load-in 
this case, a .. brake." 

2.4 INDICATED WORK PER CYCLE 

Pressure data for the gas in the cylinder over the operating cycle of the engine 
can be used to calculate the work transfer from the gas to the piston. The cylin­
der pressure and corresponding cylinder volume throughout the engine cycle can 
be plotted on a p-V diagram as shown in Fig. 2-4. The indicated work per cycle 
We.if (per cylinder) is obtained by integrating around the curve to obtain the 

t The tenn indicated is used because such p-V diagrams used to be g:enerated directly with a device 
called an engine indicator. 
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FIGURE 2-4 
Examples of p-V diagrams for (a) a two-stroke cycJe engine, (b) a four-stroke cycle engine· (c) a 
four-stroke cycle spark-ignition engine exhaust and intake strokes (pumping loop) at part load, 

area enclosed on the diagram: 

w . =lp dV 
c,1 j' (2.14) 

With two-stroke cycles (Fig. 2-4a), the application of Eq. (2.14) is straightforward. 
With the addition of inlet and exhaust strokes for the four-stroke cycle, some 
ambiguity is introduced as two definitions of indicated output are in common 
use. These will be defined as : 

Gross indicated work per cycle l+;,,ig. Work delivered to the piston over the 
compression and expansion strokes only. 

Net indicated work per cycle J-Yc,in . Work delivered to the piston over the 
entire four-stroke cycl~. 

In Fig. 2-4b and c, Wc_,;8 is (area A + area C) and ~.in is (area A + area C) 
- (area B + area C), which equals (area A - area B), where each of these areas is 
regarded as a positive quantity. Area B + area C is the work transfer between the 
piston and the cylinder gases during the inlet and exhaust strokes and is caUed 
the pumping work ~ (see Chaps. 5 and 13). The pumping work transfer will be to 
the cylinder gases if the pressure during the intake stroke is less than the pressure 
during the exhaust stroke. This is the situation with naturally aspirated engines. 
The pumping work transfer will be from the cyJinder gases to the piston if the 
exhaust stroke pressure is lower than the intake pressure, which is nonnally the 
case with highly loaded turbocharged engines. t 

t With some two-stroke engine concepts there is a piston pumping work term associated with com­
pressing the scavenging air in the crankcase. 
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The power per cylinder is rnlated to the indicated work per cycle by 

p , = ~.,N 
I 

nR 
(2.15) 

where nR is the number of crank revolutions for each power stroke per cylinder. 
For four-stroke cycles, nR equals 2; for two-stroke cycles, nR equals l. This power 
is the indicated power; i.e., the rate of work transfer from the gas within the 
cylinder to the piston. It differs from the brake power by the power absorbed in 
overcoming engine friction, driviing engine accessories, and (in the case of gross 
indicated power) the pumping power. 

In discussing indicated quantities of the four-stroke cycle engine, such as 
work per cycle or power, the definition used for "indicated" (i.e., gross or net) 
should always be explicitly stated .. The gross indicated output, the definition most 
commonly used, will be chosen where possible in this book for the following 
reasons. Indicated quantities are used primarily to identify the impact of the com­
pression, combustion, and expansion processes on engine performance, etc. The 
gross indicated output is, therefore, the most appropriate definition. It represents 
the sum of the useful work avail:able at the shaft and the work required to over­
come all the engine losses. Furd1ermore, the standard engine test codes2 define 
procedures for measuring brake IPOWer and fdction power (the friction power test 
provides a close approximation to the total lost power in the engine). The sum of 
brake power and friction power provides an alternative way of estimating indi­
cated power; the value obtained is a close approximation to the gross indicated 
power. 

The terms brake and indicated are used to describe other parameters such 
as mean effective pressure, specific fuel consumption, and specific emissions (see 
the following sections) in a manner similar to that used for work per cycle and 
power. 

2.5 MECHANICAL EFFICIENCY 

We have seen that part of the grioss indicated work per cycle or power is used to 
expel exhaust gases and induct fresh charge. An additional portion is used to 
overcome the friction of the bearings, pistons, and other mechanical components 
of the engine, and to drive the engine accessories. All of these power requirements 
are grouped together and called friction power P 1 .t Thus: 

(2.16) 

Friction power is difficult to determine accurately. One common approach 
for high-speed engines is to driv,~ or motor the engine with a dynamometer (i.e., 
operate the engine without firirng it) and measure the power which has to be 

t The various components of friction power are examined in detail in Chap. 13. 
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supplied by the dynamometer to overcome all these frictional! losses. The engine 
speed. throttle setting, oil and water temperatures, and ambient conditions are 
kept the same in the motored test as under firing conditions. The major sources 
of inaccuracy with this method are that gas pressure forces on the piston and 
rings are lower in the motored test than when the engine is firing and that the oil 
temperatures on the cylinder wall are also lower under motoring conditions. 

The ratio of the brake (or useful) power delivered by the engine to the 
indicated power is called the mechanical effidency 'Im : 

(2.17) 

Since the friction power includes the power required to pump gas into and out of 
the engine, mechanical efficiency depends on throttle position as well as engine 
design and engine speed. Typical values for a modern automotive engine at wide­
open or full throttle are 90 percent at speeds below about 30 to 40 rev/s (1800 to 
2400 rev/min), decreasing to 75 percent at maximum rated spe1ed. As the engine is 
throttled, mechanical efficiency decreases, eventually to zero at idle operation. 

2.6 ROAD-LOAD POWER 

A part-load power level useful as a reference point for testing automobile engines 
is the power required to drive a vehicle on a level road at a steady speed, Called 
road-load power, this power overcomes the rolling resistance which arises from 
the friction of the tires and the aerodynamic drag of the vehicle. Rolling resist­
ance and drag coefficients, CR and C0 , respectively, are deteirmined empirically. 
An approximate formula for road-load power P, is 

(2.18a) 

where CR= coefficient of rolling resistance (0.012 <CR< 0.015)3 

M 11 = mass of vehicle [for passenger cars: curb mass pluis passenger load of 
68 kg (150 lbm); in U.S. units W,, = vehicle weight in lbt] 

g = acceleration due to gravity 
Pa = ambient air density 

C0 = drag coefficient (for cars: 0.3 < Cv ~ 0.5)3 

A11 = frontal area of vehicle 
S11 = vehicle speed 

With the quantities in the units indicated: 

or 

Pr(kW) = [2.73CR Mv(kg) + 0.0126C0 Av{m2)S,i(km/h)2JSvCkm/b) x 10- 3 

(2.18b) 

(2.18c) 
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2.7 MEAN EFFECTIVE PRESSURE 
While torque is a valuable measure of a particular engine's ability to do work, it 
depends on engine size. A more useful relative engine performance measure iis 
obtained by dividing the work per cycle by the cylinder volume displaced pc:r 
cycle. The parameter so obtained has units of force per unit area and is called thte 
mean effective ptessure (mep). Since, from Eq. (2.15), 

Pn8 Work per cycle = N 

where nR is the number of crank revolutions for each power stroke per cylinder 
(two for four-stroke cycles ; one for two-stroke cycles), then 

For SI and U.S. units, respectively, 

Pn8 mep =-­
VdN 

kP P(kW)nR x 103 

mep( a) = VJdm3)N(rev/s) 

p(lb/' 2) = P(hp)nR x 396,000 
me m VJin3)N(rev/rnin) 

(2.19a) 

(2.19b) 

(2.19c) 

Mean effective pressure can also be expressed in terms of torque by using 
Eq. (2.13): 

ep{kP ) = 6.28nRT(N • m) 
m a Y.t(dm3) (2.20a) 

or p(lb/
. 2) = 75.4nR T(lbf • ft) 

me m VJin3) (2.20b) 

The maximum brake mean effective pressure of good engine designs is well 
established, and is essentially constant over a wide range of engine sizes. Thus, 
the actual bmep that a particular engine develops can be compared with this 
norm, and the effectiveness with which the engine designer has used the engine's 
displaced volume can be assessed. Also, for design calculations, the engine dis;­
placement required to provide a given torque or power, at a specified speed, cain 
be estimated by assuming appropriate values for bmep for that particular appli1-
cation. 

Typical values for bmep are as follows. For naturally aspirated spark­
ignition engines, maximum values are in the range 850 to 1050 kPa ( ~ 125 tio 
150 lb/in2

) at the engine speed where maximum torque is obtained (about 3000 
rev/min). At the maximum rated power, bmep values are 10 to 15 percent loweir. 
For turbocharged automotive spark-ignition engines the maximum bmep is i1n 
the 1250 to 1700 kPa (180 to 250 lb/in2

) range. At the maximum rated powe1r, 
bmep is -in the 900 to 1400 kPa (130 to 200 lb/in2) range. For naturally aspirated 
four•stroke diesels, the maximum bmep is in the 700 to 900 kPa (100 to 13,0 
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Jb/in2) range, with the bmep at the maximum rated power of about 700 kPa (100 
lb/in2). Turbocharged four-stroke diesel maximum bmep values are typically in 
the range 1000 to 1200 kPa (145 to 175 lb/in2); for turbocharged aftercooled 
engines this can rise to 1400 kPa. At maximum rated power, bmep is about 850 
to 950 kPa (125 to 140 lb/in2). Two-stroke cycle diesels have comparable per­
formance to four-stroke cycle engines. Large low-speed two-stroke cycle engines 
can achieve bmep values of about 1600 kPa. 

An example of how the above engine performance parameters can be used 
to initiate an engine design is given below. 

Example. A four-cylinder automotive spark-ignition engine jg being designed to 
provide a maximum brake torque of 150 N • m (110 lbf • rt) in the mid-speed range 
( ~ 3000 rev/min). Estimate the required engine displacement, bore and stroke, and 
the maximum brake power the engine will deliver. 

Equation (2.20a) relates torque and mep. Assume that 925 kPa is an appropri­
ate value for bmep at the maximum engine torque point. Equation (2.20a) gives 

(d 3) 6.28nRTm1x(N • m) 6.28 X 2 X 150 3 V m = -----'------""=--- = ----- = 2 dm 
bmepm,xCk.Pa) 925 

For a four-cylinder engine, the displaced volume, bore, and stroke are related by 

'TC 
Y;i = 4 X - B2L 

4 

Assume B = L; this gives B = L = 86 mm. 
The maximum rated engine speed can be estimated from an appropriate value 

for the maximum mean piston speed, 15 m/s (see Sec. 2.2): 

Spmax = 2LNmex ➔ Nmu = 87 rev/s (5200 rev/min) 

The maximum brake power can be estimated from the typical bmep value at 
maximum power, 800 kPa (1161b/in2). using Eq. (2.19b): 

p (kW) = bmep(kPa)V(dm3)N mu(rev/s) = 800 x 2 x 87 = 70 kW 
hmax nR X 103 2 X 103 

2.8 SPECIFIC FUEL CONSUMPTION 
AND EFFICIENCY 

In engine tests, the fuel consumption is measured as a flow rate-mass flow per 
unit time m1 . A more useful parameter is the specific fuel consumption (sfc}-the 
fuel flow rate per unit power output. It measures how efficiently an engine is 
using the fuel supplied to produce work: 

111r 
sfc=-L p (2.21) 
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With units, 

or 

or 

- ~r{g/s) 
sfc(mg/J) - P(kW) 

sfc(g/kW • h) = 1igW)/h} = 608.3 sfc(lbm/bp • h) 
(. 

,n r{lbm/h) 
sfc(Jbm/hp • h) = J P(hp) = 1.644 x 103 sfc(g/kW • h) 

(2.22a) 

(2.22b) 

(2.22c) 

Low values of sfc are obviously desirable. For SI engines typical best values of 
brake specific fuel consumption are about 75 µg/J = 270 g/kW • h = 0.47 lbm/ 
hp· h. For CI engines, best values are lower and in large engines can go below 55 
µg/1 = 200 g/kW • h = 0.32 lbm/hp • h. 

The specific fuel consumption has units. A dimensionless parameter that 
relates the desired engine output (work per cycle or power) to the necessary input 
(fuel flow) would have more fundamental value. The ratio of the work produced 
per cycle to the amount of fuel cmergy supplied per cycle that can be released in 
the combustion process is commonly used for this purpose. It is a measure of the 
engine's efficiency. The fuel enereiy supplied which can be released by combustion 
is given by the mass of fuel supplied to the engine per cycle times the heating 
value of the fuel. The heating valiue of a fuel, QHv, defines its energy content. It is 
determined in a standardized te;st procedure in which a known mass of fuel is 
fully burned with air, and the thc~rmal energy released by the combustion process 
is absorbed by a calorimeter a:s the combustion products cool down to their 
original temperature. 

This measure of an engine's "efficiency," which will be called the fuel con• 
version efficiency '11 ,t is given by 

(2.23) 

where m1 .is the mass of fuel inducted per cycle. Substitution for P/fn1 from Eq. 
(2.21) gives 

(2.24a) 

t This empirically defined engine efficie1ncy has previously been called thermal efficiency or enthalpy 
efficiency. The term fuel conversion efficiency is preferred because it describes this quantity more 
precisely, and distinguishes it clearly from other definitions of engine efficiency which will be devel­
oped in Seo. 3.6. Note that there are several different definitions of heating value (see Sec. 3.5). The 
numerical values do not normally differ by more than a few percent, however. In this text, the lower 
heating value at constant pressure is used! in evaluating the fuel conversion efficiency. 
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or with units: 
1 

'1J = sfc(mg/J)QHv(MJ/kg) 

3600 
'1l = sfc(g/kW • h)QHv(MJ/kg) 

2545 
111 = sfc(lbm/hp • h)QHv(Bto/ lbm) 

(2.24b) 

(2.24c) 

(2.24d) 

Typical heating values for the commercial hydrocarbon fuels used in 
engines are in the range 42 to 44 MJ/kg (18,000 to 19,000 Btu/lbm). Thus, specific 
fuel consumption is inversely proportional to fuel conversion efficiency for 
normal hydrocarbon fuels. 

Note that the fuel energy supplied to the engine per cycle is not fulJy re­
leased as thermal energy in the combustion process because;; the actual com­
bustion process in incomplete. When enough air is present Jin the cylinder to 
oxidize the fuel completely, almost all (more than about 96 percent) of this fuel 
energy supplied is transferred as thermal energy to the working fluid. When insuf­
ficient air is present to oxidize the fuel completely, lack of oxygen prevents this 
fuel energy supplied from being fully released. This topic is discussed in more 
detail in Secs. 3.5 and 4.9.4. 

2.9 AIR/FUEL AND FUEL/ AIR RATIOS 

In engine testing, both the air mass flow rate m0 and the fuel mass flow rate m1 
are normally measured. The ratio of these flow rates is useful in defining engine 
operating conditions: 

Air/fuel ratio (A/F) = ~a 

ml 

Fuel/air ratio (F / A) = ~ 
ma 

(2.25) 

(2.26) 

The normal operating range for a conventional SI engine using gasoline fuel is 
12 ~ A/F < 18 (0.056 < F/A < 0.083); for CI engines with diesel fuel, it is 
18 ~ A/F ~ 70 (0.014 < F/A < 0.056). 

2.10 VOLUMETRIC EFFICIENCY 

The intake ·system- the air filter, carburetor, and throttle plate (in a spark­
ignition engine), intake manifold, intake port, intake valve-re:stricts the amount 
of air which an engine of given displacement can induct. The parameter used to 
measure the effectiveness of an engine's induction process is the volumetric effi­
ciency 'lv• Volumetric efficiency is only used with four-stroke cycle engines which 
have a distinct induction process. It is defined as the volume flow rate of air into 
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the intake system divided by the rate at which volume is displaced by the piston: 

'Iv= 
2ma 

Pa,;~N 
(2.27a) 

where Pa,i is the inlet air density. An alternative equivalent definition for volu­
metric efficiency is 

(2.27b) 

where ma is the mass of air iinducted into the cylinder per cycle. 
The inlet density may either be taken as atmosphere air density (in which 

case '711 measures the pumping performance of the entire inlet system) or may be 
taken as the air density in the inlet manifold (in which case 'Iv measures the 
pumping performance of tbie inlet port and valve only). Typical maximum values 
of 'Iv for naturally aspirated engines are in the range 80 to 90 percent. The volu­
metric efficiency for diesels is somewhat higher than for SI engines. Volumetric 
efficiency is discussed more fully in Sec. 6.2. 

2.11 ENGINE SPECIWIC WEIGHT AND 
SPECIFIC VOLUME 

Engine weight and bulk vo,lume for a given rated power are important in many 
applications. Two parame1ters useful for comparing these attributes from one 
engine to another are : 

S 
.
6 

. h engine weight 
pec1 c we1g t = d 

rate power 
(2.28) 

S 
'ti 

1 
engine volume 

pe:c1 c vo ume = 
rated power 

(2.29) 

For these parameters to be· useful in engine comparisons, a consistent definition 
of what components and auxiliaries are included in the term "engine" must be 
adhered to. These parameiters indicate the effectiveness with which the engine 
designer has used the engim~ materials and packaged the engine components. 4 

2~12 CORRECTION FACTORS FOR 
POWER AND VOLU1'Y1ETRIC EFFICIENCY 

The pressure, humidity, and temperature of the ambient air inducted into an 
engine, at a given engine speed, affect the air mass flow rate and the power 
output. Correction factors are used to adjust measured wide-open-throttle power 
and volumetric efficiency values to standard atmospheric conditions to provide a 
more accurate basis for comparisons between engines. Typical standard ambient 
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conditions used are: 

Dry air pressure 

736.6mmHg 
29.00 inHg 

Water vapour pressure 

9.65 mmHg 
0.38 inHg 

Temperature 

29.4°C 
85°F 

The basis for the correction factor is the equation for one-dimensional 
steady compressible flow through an orifice or flow restriction of effective area AE 
(see App. C): 

,n = AEPo {~ [(1!_)2/y -(1-)(y+ t)/y]}l/2 
.jRTo Y - 1 Po Po 

(2.30) 

In deriving this equation, it has been assumed that the fluid is an ideal gas with 
gas constant R and that the ratio of specific heats (c/cv = y) is a constant; Po and 
To are the total pressure and temperature upstream of the restriction and p is the 
pressure at the throat of the restriction. 

If, in the engine, p/p0 is assumed constant at wide-open throttle, then for a 
given intake system and engine, the mass flow rate of dry air tn0 varies as 

. Po 
macx:: j;i;' 

vTo 
(2.31) 

For mixtures containing the proper amount of fuel to use all the air avail­
able (and thus provide maximum power), the indicated power at full throttle P; 
will be proportional to m0, the dry air flow rate. Thus if 

(2.32) 

where the subscripts s and m denote values at the standard and measured condi­
tions, respectively, the correction factor CF is given by 

C - P~.d .....!!! 
(

T. )1/2 

F - Pm - Pv,m Ty 

where Ps,d = standard dry-air absolute pressure 
Pm = measured ambient-air absolute pressure 

Pu.m = measured ambient-water vapour partial pressure 
Tm = measured ambient temperature, K 
r:, = standard ambient temperature, K 

(2.33) 

The rated brake power is corrected by using Eq. (2.33) to correct the indi­
cated power and making the assumption that friction power is unchanged. Thus 

(2.34) 

Volumetric efficiency is proportional to inJp0 [see Eq. (2.27)]. Since p0 is 
proportional to p/T, the correction factor for volumetric efficiency, Cr, is 

Cy= '111,s = ( r:,)1/2 (2.35) 
'1v,m Tm 
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2.13 SPECIFIC EMJSSIONS AND 
EMJISSIONS INDEX 

Levels of emissions of oxides of nitrogen (nitric oxide, NO, and nitrogen dioxide, 
N02 , usually grouped together as NO.J; carbon monoxide (CO), unbuirned 
hydrocarbons (HC), and particulates are important engine operating character­
istics. 

The concentrations of gaseous emissions in the engine exhaust gases are 
usually measured in parts per million or percent by volume (which corresponds 
to the mole fraction multiplied by 106 or by 102

, respectively). Normalized indi­
cators of emissions levels are more useful, however, and two of these are in 
common use. Specific emissions are the mass flow rate of pollutant per unit power 
output: 

sNO = n1No,, 
X p 

sCO = '"co 
p 

sHC = th}(c 
p 

m 
sPart=:::I?!!! p 

(2 . .36a) 

(2..36b) 

(2.36c) 

(2 . .36d) 

Indicated and brake specific emissions can be defined. Units in common use are 
µg/J, g/kW • h, and g/hp • h. 

Alternatively, emission rates can be normalized by the fuel flow rate. An 
emiss:iori iridex (EI) is commonly used: e.g., 

BI = ,nNo,,(g/s) 
No,, ,n .,{kg/s) 

with similar expressions for CO, HC, and particulates. 

2.14 RELATIONSHIPS BETWEEN 
PER:FORMANCE PARAMETERS 

(2.37) 

The importance of the parameters defined in Secs. 2.8 to 2.10 to engine per­
form:ance becomes evident when power, torque. and mean effective pressure are 
expressed in terms of these parameters. From the definitions of engine prnwer 
[Eq. (2.13)], mean effective pressure [Eq. (2.19)], fuel conversion efficiency [Eq. 
(2.23)], fueljair ratio [Eq. (2.26)], and volumetric efficiency [Eq. (2.27)], the fol­
lowing relationships between engine performance parameters can be developed. 
For power P: 

P = t11muNQ8 v(F/A) 
nR. 

(2.38) 
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For four-stroke cycle engines, volumetric efficiency can be introduced: 

p = T/JrfuNYiiQHvPa,I..F/A) 
2 

For torque T: 

for mean effective pressure: 

T = '1['111 YciQuvPa.JF/A) 
4n 

(2.39) 

(2.40) 

(2.41) 

The power per unit piston area, often called the specific power, is a measure of the 
engine designer's success in using the available piston area regardless of cylinder 
size. From Eq. (2.39), the specific power is 

!_ = '11t1vNLQHv Pa.1(F/A) 
AP 2 

(2.42) 

Mean piston speed can be introduced with Eq. (2.9) to give 

!_ = '11'111SpQHV Pa,1(F/A) 
AP 4 

(2.43) 

Specific power is thus proportional to the product of mean effective pressure and 
mean piston speed. 

These relationships illustrate the direct importance to engine performance 
of: 

1. High fuel conversion efficiency 
2. High volumetric efficiency 
3. Increasing the output of a given displacement engine by increasing the inlet air 

density 
4. Maximum fuel/air ratio that can be usefully burned in the engine 
5. High mean piston speed 

2.15 ENGINE DESIGN AND 
PERFORMANCE DATA 

Engine ratings usually indicate the highest power at which manufacturers expect 
their products to give satisfactory economy, reliability, and durability under 
service conditions. Maximum torque, and the speed at which it is achieved1 is 
usually given also. Since both of these quantities depend on displaced volume, for 
comparative analyses between engines of different displacements in a given 
engine category normalized performance parameters are more useful. The follow­
ing measures, at the operating points indicated, have most significance :4 
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TABLE 2.1 

Typical design and operating data for internal combustion engines 

Rated maximum 
Weight/ Approx. 

Power per power best 
Operating Compression Bore, Stroke/ s~ bmep, unit volume ratio, hsfc, 
cycle ratio m bore rev/min atm kW/dmJ kg/kW g/kW·h 

Spark-ignition engines: 
Small (e.g., motorcycles) 2S,4S 6-11 0.05---0.085 1.2---0.9 4500--7500 4-10 20---W 5.5-2.5 350 
Passenger cars 4S 8-10 0.07---0.1 Ll---0.9 4500---6500 7-10 20-50 4-2 270 
Trucks 4S 7-9 0.09--0.13 L2---0.7 3600-5000 6.5--7 25--30 6.5--2.5 300 
Large gas engines 2S,4S 8-12 0..22---0.45 l.l-1.4 300--900 6.8--12 3-7 23-35 200 
Wankel engines 4S ~9 0.57 dmJ per chamber 6000-8000 9.5--10.5 35--4S 1.6---0.9 300 

Diesel engines: 
Passenger cars 4S 17-23 0.075---0.1 1.2---0.9 ~5000 5--7.5 18-22 5-2.5 250 
Trucks (NA) 4S 16-22 0.1--0.1S 1.3--0.8 2100--4000 6-9 15--22 7-4 210 
Trucks (TC) 4S 14-20 0.1--0.15 1.3-0.8 2100--4000 12-18 18-26 7-3.5 200 
Locomotive, 4S,2S 12- 18 0.15---0.4 1.1-1.3 425--1800 7-23 5--20 6-18 190 

industrial, marine 
Large engines, 2S 10-12 0.4-1 l.2- 3 110-400 9-17 2-8 12-50 180 

marine and 
stationary 
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1. At maximum or normal rated point: 
Mean piston speed. Measures comparative success in handling loads due 

to inertia of the parts, resistance to air flow, and/or engine friiction. 
Brake mean effective pressure. In naturally aspirated engines bmep is not 

stress limited. It then reflects the product of volumetric efficiency (ability to 
induct air), fuel/air ratio (effectiveness of air utilization in combustion), and 
fuel conversion efficiency. In supercharged engines bmep imdicates the degree 
of success in handling higher gas pressures and thermal load:ing. 

Power per unit piston area. Measures the effectiveness with which the 
piston area is used, regardless of cylinder size. 

Specific weight. Indicates relative economy with which materials are 
used. 

Specific volume. Indicates relative effectiveness with which engine space 
bas been utilized. 

2. At all speeds at which the engine will be used with full throttle or with 
maximum fuel-pump setting: 

Brake mean effective pressure. Measures ability to obta1in/provide high air 
flow and use it effectively over the full range. 

3. At all useful regimes of operation and particu1arly in those regimes where the 
engine is run for long periods of time: 

Brake specific fuel consumption or fuel conversion efficieincy.· 
Brake specific emissions. 

Typical performance data for spark-ignition and diesel engines over the 
normal production size range are summarized in Table 2.1. 4 The four•stroke 
cycle dominates except in the smallest and largest engine sizes. The larger engines 
are turbocharged or supercharged. The maximum rated engine speed decreases as 
engine size increases, maintaining the maximum mean piston speed in the range 
of about 8 to 15 m/s. The maximum brake mean effective pressure for turbo­
charged and supercharged engines is higher than for naturally aspirated engines. 
Because the maximum fuel/air ratio for spark-ignition engines is higher than for 
diesels, their naturally aspirated maximum bmep levels are higher. As engine size 
increases, brake specific fuel consumption decreases and fuel conversion efficiency 
increases, due to reduced importance of heat losses and friction. For the largest 
diesel engines, brake fuel conversion efficiencies of about 50 percent and indicated 
fuel conversion efficiencies of over 55 percent can be obtained. 

PROBLEMS 
2.1. Explain why the brake mean effective pressure of a naturally aspirated diesel engine 

is lower than that of a naturally aspirated spark-ignition engine. Explain why the 
bmep is lower at the maximum rated power for a given engine than the bmep at the 
maximum torque. 
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2.2. Describe the impact on air ftow, maximum torque, and maximum power of changing 
a spark-ignition engine cylinder head from 2 valves per cylinder to 4 valves (2 inlet 
and 2 exhaust) per cylinder. 

2.3. Calculate the mean piston speed, bmep, and specific power of the spark-ignition 
engines in Figs. 1-4, 1-9, and 1-12 at their maximum rated power. 

2.4. Calculate the mean piston sp,eed, bmep, and specific power of the diesel engines in 
Figs. 1-20, 1-21, 1-22, 1-23, a11td 1-24 at their maximum rated power. Briefly explain 
any significant differences. 

l.S. Develop an equation for the power required to drive a vehicle at constant speed up a 
hill of angle a, in terms of vehicJe speed, mass, frontal area, drag coefficient, coeffi~ 
cient of rolling resistance, ix, :and acceleration due to gravity. Calculate this power 
when the car mass is 1500 kg:, the hill angle is 15 degrees, and the vehicle speed is 
50 mi/h. 

2.6. The spark-ignition engine in Fig. 1-4 is operating at a mean piston speed of 10 m/s. 
The measured air flow is 60 g/s. Calculate the volumetric efficiency based on atmo­
spheric conditions. 

2.7. The diesel engine of Fig. 1-20 is operating with a mean piston speed of 8 m/s. Calcu­
late the air flow if the volum1~tric efficiency is 0.92. If (FIA) is 0.05 what is the fuel 
flow rate, and the mass of fuel injected per cylinder per cycle? 

2.8. The brake fuel conversion efficiency of a spark-ignition engine is 0.3, and varies litt]e 
with fuel type. Calcu]ate the brake specific fuel consumption for isooctane, gasoline, 
methanol, and hydrogen (relevant data are in App, D), 

2.9. You are doing a preliminary design study of a turbocharged four-stroke diesel 
engine. The maximum rated power is limited by stress considerations to a brake 
mean effective pressure of 1200 kPa and maximum value of the mean piston speed of 
12 m/s. 
(a) Derive an equation relating the engine inlet pressure (pressure in the inlet manj­

fold at the turbocharger c,ompressor exit) to the fuel/air ratio at this maximum 
rated power operating po:int. Other reciprocating engine parameters (e.g., volu­
metric efficiency, fuel conversion efficiency, bmep, etc.) appear in this equation 
also. 

(b) The maximum rated brake power requirement for this engine is 400 kW. Esti­
mate sensible values for number of cylinders, cylinder bore, stroke, and deter­
mine the maximum rated s,peed of this preliminary engine design. 

(c) If the pressure ratio across the compressor is 2, estimate the overall fuel/air and 
air/fuel ratios at the maximum rated power. Assume appropriate values for any 
other parameters you may need. 

2,10. In the reciprocating engine, during the power or expansion stroke, the gas pressure 
force acting on the piston is transmitted to the crankshaft via the connecting rod. 
List the forces acting on the p1iston during this part of the operating cycle. Show the 
direction of the forces acting ,on the piston on a sketch of the piston, cylinder, con­
necting rod, crank arrangeme1nt. Write out the force balance for the piston (a) along 
the cylinder axis and (b) transverse to the cylinder axis in the plane containing the 
connecting rod. (You are not ~1sked to manipulate or solve these equations.) 

2.11. You are designing a f our-strolke cycle diesel engine to provide a brake power of 300 
kW naturally aspirated at its maximum rated speed. Based on typical values for 
brake mean effective pressuire and maximum mean piston speed, estimate the 
required engine displacement, and the bore and str,pke for sensible cylinder geometry 
and number of engine cylinders. What is the maximum rated engine speed (rev/min) 
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for your dc:sign 7 What would be the brake torque (N • m) and the fuel flow rate (g/h) 
at this maKi.tnum speed? Assume a maximum mean piston speed of 12 m/s is typical 
of good engine designs. 

2,12. Tbe power per unit piston area P/AP (often called the specific power) is a measure of 
the des1gne:r's success in using the available piston area regardless of size. 
(a) Derive an expression for P/AP in terms of mean effective pressure and mean 

piston 1,peed for two-stroke and four-stroke engine cycles. 
(b) Computte typical maximum values of P/AP for a spark-ignition engine (e.g., Fig. 

1-4)1 a turbocharged four-stroke cycle diesel engine (e.g., Fig. 1-22), and a large 
marine diesel (Fig. 1-24). Table 2-1 may be helpful. State your assumptions 
clearly. 

2.13. Several velocities, time, and length scales are useful in understanding what goes on 
inside engines. Make estimates of the following quantities for a 1.6-liter displacement 
four-cylinder spark-ignition engine, operating at wide-open throttle at 2500 rev/min. 
(a) The m,:an piston speed and the maximum piston speed. 
(b) The maximum charge velocity in the intake port (the port area is about 20 

percent of the piston area). 
(c) The time occupied by one engine operating cycle, the intake process, the com­

pression process, the combustion process, the expansion process, and the exhaust 
process;. (Note: The word process is used here not the word stroke.) 

(d) The a,verage velocity with which the flame travels across the combustion 
chambi~r. 

(e) The le1J1gtb of the intake system (the intake port, the manifold runner, etc.) which 
is filled by one cylinder charge just before the intake valve opens and this charge 
enters 'the cylinder (i.e., how far back from the intake valve, in centimeters, one 
cylinder volume extends in the intake system). 

(j) The length of exhaust system filled by one cylinder charge after it exits the cylin~ 
der (assume an average exhaust gas temperature of 425°C). 

You will have to make several appropriate geometric assumptions. The calculations 
are straightforward, and only approximate answers are required. 

2,l4. The values, of mean effective pressure at rated speed, maximum mean piston speed, 
and maximum specific power (engine power/total_piston area) are essentially inde­
pendent ol' cylinder size for naturally aspirated engines of a given type. If we also 
assume that engine weight per unit displaced volume is essentially constant, how will 
the specifi£: weight of an engine (engine weight/maximum rated power) at fixed total 
displaced ,volume vary with the number of cyJinders? Assume the bore and stroke 
are equal. 
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CHAPTER 

3 
THERMOCHEMISTRY 

OF FUEL-AIR 
MIXTURES 

3.1 CHARACTERIZATION OF FLAMES 

Combustion of the fuel-air mixture inside the engine cylinder is one of the pro­
cesses that controls engine power, efficiency, and emissions. Some background in 
relevant combustion phenomena is therefore a necessary preliminary to under­
standing engine operation. These combustion phenomena are different for the 
two main types of engines- spark-ignition and diesel- which are the subject of 
this book. In spark-ignition engines, the fuel is normally mixed with air in the 
engine intake system. Following the compression of this fuel-air mixture, an elec­
trical discharge initiates the combustion process; a flame develops from the 
"kernal" created by the spark discharge and propagates across the cylinder to 
the combustion chamber walls. At the walls, the flame is "quenched" or extin­
guished as heat transfer and destruction of active species at the wall become the 
dominant processes. An undesirable combustion phenomenon-the 
"spontaneous" ignition of a substantial mass of fuel-air mixture ahead of the 
flame, before the flame can propagate through this mixture (which is called the 
end-gas)--can also occur. This autoignition or self-explosion combustion 
phenomenon is the cause of spark-ignition engine knock which, due to the high 
pressures generated, can lead to engine damage. 

In the diesel engine, the fuel is injected into the cylinder into air already at 
high pressure and temperature, near the end of the compression stroke. The 
autoignition, or self-ignition, of portions of the developing mixture of a)ready 

62 
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injected and vaporized fuel with this hot air starts the combustion process, which 
spreads rapidly. Burning then proceeds as fuel and air mix to the appropriate 
composition for combustion to take place. Thus, fuel-air mixing plays a control­
ling role in the diesel combustion process. 

Chapters 3 and 4 focus on the thermochemistry of combustion: i.e., the 
composition and thermodynamic properties of the pre- and postcombustion 
working fluids in engines and the energy changes associated with the combustion 
processes that take place inside the engine cylinder. Later chapters (9 and 10) deal 
with the phenomenological aspects of engine combustion; i.e., the details of the 
physical and chemical processes by which the fuel-air mixture is converted to 
burned products. At this point it is useful to review briefly the key combustion 
phenomena which occur in engines to provide an appropriate background for the 
material which follows. More detailed information on these combustion pheno­
mena can be found in texts on combustion such as those of Fristrom and 
Westenberg1 and Glassman.2 

The combustion process is a fast exothermic gas-phase reaction (where 
oxygen is usually one of the reactants). A flame is a combustion reaction which 
can propagate subsonically through space; motion of the flame relative to the 
unburned gas is the important feature. Flame structure does not depend on 
whether the flame moves relative to the observer or remains stationary as the gas 
moves through it. The existence of flame motion implies that the reaction is con­
fined to a zone which is small in thickness compared to the dimensions of the 
apparatus-in our case the engine combustion chamber. The reaction zone is 
usually called the flame front. This flame characteristic of spatial propagation is 
the result of the strong coupling between chemical reaction, the transport pro­
cesses of mass diffusion and heat conduction, and fluid flow. The generation of 
heat and active species accelerate the chemical reaction; the supply of fresh reac­
tants, governed by the convection velocity, limits the reaction. When these pro­
cesses are in balance, a steady-state flame results. 1 

Flames are usually classified according to the following overall character• 
istics. The first of these has to do with the composition of the reactants as they 
enter the reaction zone. If the fuel and oxidizer are essentially uniformly mixed 
together, the flame is designated as premixed. If the reactants are not premixed 
and must mix together in the same region where reaction takes place, the flame is 
called a diffusion flame because the mixing must be accomplished by a diffusion 
process. The second means of classification relates to the basic character of the 
gas flow through the reaction zone: whether it is laminar or turbulent. In laminar 
(or streamlined) flow, mixing and transport are done by molecular processes. 
Laminar flows only occur at low Reynolds number. The Reynolds number 
(density x velocity x lengthscale/viscosity) is the ratio of inertial to viscous 
forces. In turbulent flows, mixing and transport are enhanced (usually by a sub­
stantial factor) by the macroscopic relative motion of eddies or lumps of fluid 
which are the characteristic feature of a turbulent (high Reynolds number) flow. 
A third area of classification is whether the flame is steady or unsteady. The 
distinguishing feature here is whether the flame structure and motion change with 
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time. The final characterizing feature is the initial phase of the reactants-gas, 
liquid, or solid. 

Flames in engines are 1.1nsteady. an obvious consequence of the internal 
combustion engine's operating cycle. Engine flames are turbulent. Only with sub­
stantial augmentation of laminar transport processes by the turbulent convection 
processes can mixing and burning rates and flame-propagation rates be made fast 
enou~:h to complete the engine combustion process within the time available. 

The conventional spark-ignition flame is thus a premixed unsteady turbu­
lent flame, and the fuel-air mixture through which the flame propagates is in the 
gaseollls state. The diesel engine combustion process is predominantly an 
unsteady turbulent diffusion flame, and the fuel is initially in the liquid phase. 
Both !these flames are extremely complicated because they involve the coupling of 
the complex chemical mechanism. by which fuel and oxidizer react to form pro­
ducts, with the turbulent convective transport process. The diesel combustion 
procei;s is even more complicated than the spark-ignition combustion process, 
because vaporization of liquid fuel and fuel-air mixing processes are involved too. 
Chapters 9 and 10 contain a more detailed discussion of the spark•ignition 
engine and diesel combustion processes, respectively. This chapter reviews the 
basic !thermodynamic and chemical composition aspects of engine combustion. 

3.2 IDEAL GAS MODEL 

The gas species that make up the working fluids in internal combustion engines 
(e.g., oxygen, nitrogen, fuel vapor, carbon dioxide, water vapor, etc.) can usually 
be treated as ideal gases. The relationships between the thermodynamic proper­
ties of an ideal gas and of ideal gas mixtures are reviewed in App. B. There can be 
found the various forms of the ideal gas law: 

R 
p V = mR T = m - T = nfi.T 

M 
(3.1) 

where p is the pressure, V the volume, m the mass of gas, R the gas constant for 
the gas, T the temperature, R the universal gas constant, M the molecular weight, 
and '1 the number of moles. Relations for evaluating the specific internal energy u, 
enthallpy h, and entropy s, specific heats at constant volume cu and constant 
pressure cp, on a per unit mass basis and on a per mole basis (where the notation 
u, fi, s,, <\, and cP is used) of an ideal gas, are developed. Also given are equations 
for calculating the thermodynamic properties of mixtures of ideal gases. 

3.3 COMPOSITION OF AIR AND FUELS 

Normally in engines, fuels are burned with air. Dry air is a mixture of gases that 
has a representative composition by volume of 20.95 percent oxygen, 78.09 
percent nitrogen, 0.93 percent argon, and trace amounts of carbon dioxide, neon, 
helium, methane, and other gases. Table 3.1 shows the relative proportions of the 
major constituents of dry air.3 
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TABLE 3.1 
principle constitutents of dry air 

Molecular Mole Molar 

Gas 9pm by volume weight fraction ratio 

01 209,500 31.998 0.2095 1 

N2 780,900 28.012 0.7905 3,773 

Ar 9,300 39.948 

CO2 300 44_()()9 

Air 1,000,000 28.962 1.0000 4.773 

In combustion, oxygen is the reactive component of air_ It is usually suffi­
ciently accurate to regard air as consisting of 21 percent oxygen and 79 percent 
inert gases taken as nitrogen (often called atmospheric or apparent nitrogen). For 
each mole of oxygen in air there are 

1 - 0.2095 
0.2095 = 3.773 

moles of atmospheric nitrogen. The molecular weight of air is obtained from 
Table 3.1 with Eq. (B.17) as 28.962, usually approximated by 29. Because atmo­
spheric nitrogen contains traces of other species, its molecular weight is slightly 
different from that of pure molecular nitrogen, i.e., 

M = 28.962 - 0.2095 X 31.998 = 
28 16 

aNz 1 - 0.2095 • 

In the following sections, nitrogen will refer to atmospheric nitrogen and a 
molecular weight of 28.16 will be used, An air composition of 3.773 moles of 
nitrogen per mole of oxygen will be assumed. 

The density of dry air can be obtained from Eq. (3.1) with R = 8314.3 J/ 
kmol • K and M = 28.962: 

(k / . 3) = 3.483 x 10- 3p(Pa) 
P gm T(K) (3.2a) 

or (lb /f 3 ) = 2.699p(lbf/in
2

) 

P m t T(oR) (3.2b) 

Thus, the value for the density of dry air at 1 atmosphere (1.0133 x 105 Pa, 
14.696 lbf/in 2

) and 25°C (77°F) is 1.184 kg/m3 (0.0739 lbm/ft3

). 

Actual air normally contains water vapor, the amount depending on tern• 
perature and degree of saturation. Typically the proportion by mass is about 1 
percent, though it can rise to about 4 percent under extreme conditions. The 
relative humidity compares the water vapor content of air with that required to 
saturate. lt is defined as: 

The ratio of the partial pressure of water vapor actually present to the saturation 
pressure at the same temperature. 
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Water vapor content is measured with a we1t- and dry-bulb psychrometer. 
This consists of two thermometers exposed to a strnam of moist air. The dry-bulb 
temperature is the temperature of the air. The bulb of the other thermometer is 
wetted by a wick in contact with a water reservoir. The wet-bulb temperature is 
lower than the dry-bulb temperature due to evaporation of water from the wick. 
It is a good approximation to assume that the wet-bulb temperature is the adia­
batic saturation temperature. Water vapor preissure can be obtained from 
observed wet- and dry-bulb temperatures and a psychrometric chart such as Fig. 
3-1.4 The effect of humidity on the properties of air is given in Fig. 3-2.5 

The fuels most commonly used in internal combustion engines (gasoline or 
petrol, and diesel fuels) are blends of many diffeirent hydrocarbon compounds 
obtained by refining petroleum or crude oil. Tlhese fuels are predominantly 
carbon and hydrogen (typically about 86 percent i:arbon and 14 percent hydro­
gen by weight) though diesel fuels can contain up to about 1 percent sulfur. Other 
fuels of interest are alcohols (which contain oxygen), gaseous fuels (natural gas 
and liquid petroleum gas). and single hydrocarbon compounds (e.g., methane, 
propane, isooctane) which are often used in engillle research. Properties of the 
more common internal combustion engine fuels are summarized in App. D. 

Some knowledge of the different classes of 1organic compounds and their 

Pwate, 
kPa 

8 

5 

4 

3 

0 

FIGURE 3-1 
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0 
20 24 28 32 36 40 44 48 

Mixture (dry-bulb) tem(lfirarure, °C 

Psychrometric chart for air-water mixtures a t 1 atmosphere. (Fro,m Reynolds.4 ) 
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R --c, 

Cµ 

- -y ----k X 10 

0.06 0.08 

Effect of humidity on properties of air: R is the gas constant; cu and cP are specific beats at constant 
volume and pressure, respectively; y = c,Jcv; k is the thermal conductivity. (From Taylor.') 

molecular structure is necessary in order to understand combustion mecha­
nisms. 6 The different classes are as follows: 

Alkyl Compounds 

Paraffins 
(alkanes) 

H H 
I I 

H-y-9-1-1 
H H 

C ycloparaffins 
or napthenes 

(cyclanes) 

H H 
I I 

H--C-C-H 
\ I 
IC\ 

H H 

C,,H211 

Single-bonded open-chain saturated hydrocarbon moJ­
ecules: i.e., no more hydrogen can be added. For the larger 
molecules straight-chain and branched-chain configu­
rations exist. These are called normal (n-) and iso com­
pounds, respectively. Examples: CH

4

, methane; C
2

H
6

, 

ethane; C 
3 

H 
8 

, propane; C 
8 

H 
18 

, n-octane and isooctane. 
There are several "isooctanes," depending on the relative 
position of the branches. By isooctane is usually meant 
2,2,4-trimethylpentane, indicating five carbon atoms in the 
straight chain (pentane) with three methyl (CH3) branches 
located respectively at C-atoms 2, 2, and 4. Radicals defi­
cient in one hydrogen take the name methyl, ethyl, propyl, 
etc. 

Single bond (no double bond) ring hydrocarbons. Unsatu­
rated, since ring can be broken and additional hydrogen 
added. Examples: C3H6 , cyclopropane (three C-atom 
ring); C

4

H
8

, cyclobutane (four C-atom ring); C
5

H
10

, 

cyclopentane (five C-atom ring). 
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Ole.fins 
(alkenes) 

H H 
\ I 
IC-~ 

H H 

Acetylenes 
(alkynes) 

H-C=C-H 
CnH2n-2 

Aromatics 

H 
~c, 

HT lH 
HC / CH 

'c 
H 

Alcohols 
Monohydric 
alcolzols 

C,,H2,, + 1OH 

Open-chain hydrocarbons containing a double bond; 
hence they are unsaturated. Examples are: C2H4 , ethene 
(or ethylene); C

3

H
6

, propene (or propylene); C
4

H
8

, 

butene (or butylene); .... From butene upwards several 
structural isomers are possible depending on the location 
of the dlouble bond in the basic carbon chain. Straight­
and bra1nched-chain structures exist. Diolefins contain two 
double bonds. 

Open-chain unsaturated hydrocarbons containing one 
carbon-carbon triple bond. First member is acetylene, 
H- C==C- H. Additional members of the alkyne series 
compris1~ open-chain molecules, similar to higher alkenes 
but with each double bond replaced by a triple bond. 

Buildin~: block for aromatic hydrocarbons is the benzene 
{C

6

H
6

) :ring structure shown. This ring structure is very 
stable and accommodates additional - CH2 groups in side 
chains :and not by ring expansion. Examples: C7H8 , 

toluene; C8H10 , xylene (several structural 
arrangements); . . . . More complex aromatic hydrocar­
bons incorporate ethyl, propyl, and heavier alkyl side 
chains in a variety of structural arrangements. 

In these organic compounds, one hydroxyl (-OH) group 
is substituted for one hydrogen atom. Thus methane 
becomes: methyl alcohol, CH30H (also called methanol); 
ethane becomes ethyl alcohol, C2H 50H (ethanol) ; etc. 

3.4 COMBUSTION STOICHIOMETRY 

This section develops relations between the composition of the reactants (fuel and 
air) of a combustible mixture and the composition of the products. Since these 
relations depend only on the 1conservation of mass of each chemical element in 
the reactants, only the relative elemental composition of the fuel and the relative 
proportions of fuel and air are needed. 
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lf sufficient oxygen is available, a hydrocarbon fuel can b1~ completely oxi­
dized. The carbon in the fuel is then converted to carbon dioxide 002 and the 
hydrogen to water H2O, For example, consider the overall chemical equation for 
the complete combustion of one mole of propane C3H 8 : 

C3H8 + a02 = bC02 + cH2O (3.3) 

A carbon balance between the reactants and products gives b = 3. A hydrogen 
balance gives 2c = 8, or c = 4. An oxygen balance gives 2b + c = 10 = 2a, or 
a = 5. Thus Eq. (3.3) becomes 

(3.4) 

Note that Eq. (3.4) only relates the elemental composition of the reactant and 
product species; it does not indicate the process by which combustion proceeds, 
which is much more complex. 

Air contains nitrogen, but when the products are at low temperatures the 
nitrogen is not significantly affected by the reaction. Consider the complete com­
bustion of a general hydrocarbon fuel of average molecular composition C11Hb 
with air. The overall complete combustion equation is 

CaHb +(a+ ~)<02 + 3.773N2) = aC02 + i H2O + 3.773{ a+ t)N2 (3.5) 

Note that only the ratios of the numbers in front of the symbol lror each chemical 
species are defined by Eq. (3.5); i.e., only the relative proportions on a molar basis 
are obtained. Thus the fuel composition could have been written CHY where 
y = b/a. 

Equation (3.5) defines the stoichiometric ( or chemically correct or 
theoretical) proportions of fuel and air; i.e., there is just enough oxygen for con­
version of all the fuel into completely oxidized products. The stoichiometric air/ 
fuel or fuel/air ratios (see Sec. 2.9) depend on fuel composition. From Eq. (3.5): 

(
A) = (F)-l = (1 + y/4)(32 + 3.773 x 28.16) 
F ., A ., 12.011 + 1.008y 

34.56(4 + y) 
- 12.011 + 1.008y 

(3.6) 

The molecular weights of oxygen, atmospheric nitrogen, atomic carbon, and 
atomic hydrogen are, respectively, 32, 28.16, 12.011, and 1.008:. (A/F)s depends 
only on y; Fig. 3-3 shows the variation in (A/F)s as y varies from 1 (e.g., benzene) 
to 4 (methane). 

Example 3.1, A hydrocarbon fuel of composition 84.1 percent by mass C and 15.9 
percent by mass H bas a molecular weight of 114.15. Determine the number of 
moles of air required for stoichiometric combustion and the number of moles of 
products produced per mole of fuel. Calculate (A/F)~, (F/A)s, and the molecular 
weights of the reactants and the products. 
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13 

FIGURE 3-3 
1-~-~-~--: 
2 3 4 Stoichiometric air/fuel ratio for air-hydrocarbon 

Pucl molar H/C ratio fuel mixtures as at function of fuel molar H/C ratio. 

Assume a fuel composition C0 Hb. The molecular weight relation gives 

114.15 = 12.01 la+ 1.008h 

The gravimetric analysis of the fuel gives 

Thus 

~ = 15.9/1.008 = 2.25 
a 84.1/12.01 I 

a= 8 b = 18t 

The fuel js octane C 8H 1 8 . Equation (3. 5) then be,comes 

Fuel Air Product:; 

CllH18 + 12.5(02 + 3.773N2) = 8CO2 -t 9H2O + 47.16N2 

In moles: 

+ 12.5(1 + 3.773) 

+ 59.66 

Relative mass: 

114.15 + 59.66 X 28.96 

114.5 + 1727.8 

= 8 t 9 + 47 . .16 

= 64.16 

= 8 X 44.01 + 9 X 18.02 + 47.16 X 28.16 

= 1842.3 

t Note that for fuels which are mixtures of hydrocarbons, a and b need not be integers. 

Page 102 of 966



lHERMOCHF.MISTRY OF FlJEI.-AIR MrxTURES 71 

Per unit mass fuel: 

+ 15.14 = 16.14 

Thus for stoichiometric combustion, 1 mole of fuel requires 59.66 moles of air 
and produces 64.16 moles of products. The stoichiometric (A/F)., is 15.14 and (F/A)s 
is 0.0661. 

The molecular weights of the reactants Mn and products MP are 

1 I 
MR=;; L 11; M, = 60.66 (1 x J l4.15 + 59.66 x 28.96) 

l 1 
Mp= - L n, M 1 = 

64 6 
(8 X 44.01 + 9 x 18.02 + 47.16 x 28.16) 

11 . l 

or M11 = 30.36 

Fuel-air mixtures with more than or less than the stoichiometric air require­
ment can be burned. With excess air or fuel-lean combustic,n, the extra air 
appears in the products in unchanged form. For example, the combustion of 
isooctane with 25 percent excess air, or 1.25 times the stoichiometric air require­
ment, gives 

C8H18 + 1.25 x 12.5(02 + 3.773N2) = 8C02 + 9H20 + 3.1302 + 58.95N2 

(3.7) 

With less than the stoichiometric air requirement, i.e., wiith fuel-rich com­
bustion, there is insufficient oxygen to oxidize fully the fuel C antd H to CO2 and 
H20. The products are a mixture of CO2 and H20 with carbc,n monoxide CO 
and hydrogen Hi (as well as N2). The product composition cannot be determined 
from an element balance alone and an additional assumption about the chemical 
composition of the product species must be made (see Secs. 4.2 and 4.9.2). 

Because the composition of the combustion products is significantly differ­
ent for fuel-lean and fuel-rich mixtures, and because the stoichiometric fuel/air 
ratio depends on fuel composition, the ratio of the actual fuel/air ratio to the 
stoichiometric ratio (or its inverse) is a more infonnative parameter for defining 
mixture composition. The fuel/air equivalence ratio <J,, 

<J> = (F / A)aclual 

(F/A)s 
(3.8) 

will be used throughout this text for this purpose. The inverse of ¢, the relative 
air/Juel ratio )., 

is also sometimes used 

). = <J,- 1 = (A/ F)actual 

(A/F)s 
(3.9) 
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For fuel.Jean mixtures: <J, < 1, 2 > 1 
For stoichiometric mixtures: </> = J. = 1 
For fuel.rich mixtures: </> > 1, A < 1 

When the fuel contains oxygen (e.g., with alcohols), the procedure for deter• 
mining the overall combustion equation is the same e:xcept that fuel oxygen is 
included in the oxygen balance between reactants a1rid products. For methyl 
alcohol (methanol), CH30H, the stoichiometric combustion equation is 

CH3OH + 1.5(02 + 3.773N2) =CO2 + 2H2O + 5.66N2 (3.10) 

and (A/F)s = 6.47. For ethyl alcohol (ethanol), C2H 5OH, the stoichiometric com­
bustion equation is 

C2 H5OH + 3(02 + 3.773N2) = 2CO2 + 3H2O + 11.32N2 (3.11) 

and (A/ F)s = 9.00. 
If there are significant amounts of sulfur in the fuel, the appropriate oxida­

tion product for determining the stoichiometric air and fuel proportions is sulfur 
dioxide, S02 . 

For hydrogen fuel, the stoichiometric equation is 

(3.12) 

and the stoichiometric (A/F) ratio is 34.3. 
Note that the composition of the products of combustion in Eqs. (3.7) and 

(3.10) to {3.12) may not occur in practice. At normal combustion temperatures 
significant dissociation of CO2 and of H 2O occurs (se:e Sec. 3.7.1). Whether, at 
low temperatures, recombination brings the product i:omposition to that indi­
cated by these overall chemical equations depends on the rate of cooling of the 
product gases. More general relationships for the composition of unburned and 
burned gas mixtures are developed in Chap. 4. 

The stoichiometric (A/ F) and (F/A) ratios of coIDJnon fuels and representa­
tive single hydrocarbon and other compounds are given in App. D along with 
other fuel data. 

3.5 THE FIRST LAW OF 
THERMODYNAMICS AND COMBUSTIONt 

3.5.1 Energy and Enthalpy Balances 

In a combustion process, fuel and oxidizer react to produce products of different 
composition. The actual path by which this transformation takes place is under­
stood only for simple fuels such as hydrogen and methane. For fuels with more 
complicated structure, the details are not well defined. Nonetheless, the first law 

t The approach used here follows that developed by Spalding and Cole. 7 
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of thermodynamics can be used to relate the end states of mixtures undergoing a 
combustion process; its application does not require that the details of the 
process be known. 

The first law of thermodynamics relates changes in internal energy (or 
enthalpy) to heat and work transfer interactions. In applying the first law to a 
system whose chemical composition changes, care must be exercised in relating 
the reference states at which zero internal energy or enthalpy for each species or 
groups of species are assigned. We are not free, when chemical reactions occur, to 
choose independently the zero internal energy or enthalpy reference states of 
chemical substances transformed into each other by reaction. 

Consider a system of mass m which changes its composition from reactants 
to products by chemical reaction as indicated in Fig. 3-4. Applying the first law 
to the systero between its initial and final states gives 

(3.13) 

Heat transfer QR - P and work transfer Wn - P due to normal force displacements 
may occur across the system boundary. The standard thermodynamic sign con­
vention for each energy transfer interaction- positive for heat transfer to the 
system and positive for work transfer from the system-is used. 

We will consider a series of special processes: first, a constant volume 
process where the initial and final temperatures are the same, T'. Then Eq. {3.13) 
becomes 

(3.14) 

The internal energy of the system has changed by an amount (8U)v r· which can 
' be measured or calculated. Combustion processes are exothermic [i.e., QR- P and 

(LlU)v, r ' are negative]; therefore the system's internal energy decreases. If Eq. 
(3.14) is expressed per mole of fuel, then (8U)v. T' is known as the increase in 

Initial state 
Reactants 

TR, PR, Vp, Up 

FIGURE 3-4 

--

Combustion process 
Heat and work transfer 

interactions 

-------

System changing from reactants to products for first law analysis. 

, , t 

I • " 

Final state 
Products 

Tp, pp, Vp, Up 
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V or H 

U'fi. or H'k ---

To T' 

Reactant~ 

Products 

- (AU)v, T' or - (AH)p, T' 

T 

FIGURE 3-5 
Schematic plot of internal energy (U) 
or enthalpy (H) of reactants and pro­
ducts ,as a function of temperature. 

internal energy at constant volume, and -(AU)v. T ' is known as the heat of reac­
tion at constant volume at temperature T'. 

Next, consider a constant pressure process where the initial and final tem­
peratures are the same, T'. For a constant pressure process 

WR - P = LP p dV = p(Vp - VR) (3.15) 

so Eq. (3.13) becomes 

QR - I' - p(Vp - VR) = u,, - UR 

or QR - 1' =(Up+ pVp) - (U'.R + pVR) 

(3.16) 

The enthalpy of the system has changed by an amount (AH)P, r·, which can be 
measured or calculated. Again for combustion reactions, (AH)p. T' is a negative 
quantity. If Eq. (3.16) is written per mole of fuel, (AH)p, T' is called the increase in 
enthalpy at constant pressure and -(AH)p. r· is calleid the heat of reaction at 
constant pressure at T'. 

These processes can be displayed, respectively, on the internal energy or 
enthalpy versus temperature pJot shown schematically Jin Fig. 3-5. If U (or H) for 
the reactants is arbitrarily assigned a value U'k (or H'~ at some reference tem­
perature T0, then the value of (A U)v. roC or (AH)P, r 0] fixes the relationship 
between U(T) or H(T), respectively, for the products anid the reactants. Note that 
the slope of these lines (the specific heat at constant volume or pressure if the 
diagram is expressed per unit mass or per mole) incre:ases with increasing tern-
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perature; also, the magnitude of (L\U)v , r · [or (AH)P, r·] decreases with increasing 
temperature because c., (or cP) for the products is greater than for the reactants. 

The difference between (AH)p, T' and (L\U)v, r· is 

(AH)p, T' - (L\U)v, T' = p(Yp - Vn) (3.17) 

Only if the volumes of the products and reactants in the constant pressure 
process are the same are (llH)v, T' and (L\U)v, T' equal. If aU the reactant and 
product species are ideal gases, then the ideal gas law Eq. (3.1) gives 

(AH)p, T ' - (LiU)v, r· = R(n'p - nR.)T' (3.18) 

Note that any inert gases do not contribute to (np - nn)-
With a hydrocarbon fuel, one of the products, H20 , can be in the gaseous 

or liquid phase. The internal energy (or enthalpy) of the products in the constant 
volume (or constant pressure) processes described above in Fig. 3-5 will depend 
on the relative proportions of the water in the gaseous and liquid phases. The 
limiting cases of all vapor and all liquid are shown in Fig. 3-6a for a U-T plot. 
The internal energy differences between the curves is 

I (AU)y, T', lhO liq I - I (AU)v, T', HzO vap I = mH2O UJo H1O (3.19) 

where ftltt2o is the mass of water in the products and u1u »zo is the internal energy 
of vaporization of water at the temperature and pressure of the products. Similar 

u 

Reactants 

- (.ti.U)v, 1', H10 vop 

r· T 

(a) 

FIGURE 3-6 

u 

T' 

(bl 

Reactants 

- (AU)v. r 
Fuel liq 

T 

Schematic plots of internal energy of reactants and products as a function of temperature. (a) Effect of 
water in products as either vapor or liquid. (b) Effect of fuel in reactants as either vapor or liquid. 
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curves and relationships apply for enthalpy: 

l(&H)p,T',H20liql - l(6H)p,T' ,H20vapl = m iH;:Oh/9tl20 (3.20) 

For some fuels, the reactants may contain the fuel as either liquid or vapor. 
The U•T (or H•T) line for the reactants with the fuel as liquid or as vapor will be 
different, as indicated in Fig. 3-6b. The vertical distance between the two reactant 
curves is m1 u191 (or m1 h191) where the subscript! denote:s fuel. 

3.5.2 Enthalpies of Formation 

For fuels which are single hydrocarbon compounds, or where the precise fuel 
composition is known, the internal energies or enthalpie:s of the reactants and the 
products can be related through the enthalpies of forma.tion of the reactants and 
products. 

The enthalpy of formation &li1 of a chemical compound is the enthalpy 
increase associated with the reaction of forming one mole of the given compound 
from its elements, with each substance in its thermodynamic standard state at the 
given temperature. 

The standard state is the state at one atmosphere pressure and the tem­
perature under consideration. We will denote the standard state by the super­
script 0

• 

Since thermodynamic calculations are made as a difference between an 
initial and a final state, it is necessary to select a datum state to which all other 
thermodynamic states can be referred. While a number of datum states have been 
used in the literature, the most common datum is 298.Jl5 K (25°C) and 1 atmo­
sphere. We will use this datum throughout this text. Elements at their reference 
state are arbitrarily assigned zero enthalpy at the datum temperature. The refer­
ence state of each element is its stable standard state; e.g., for oxygen at 298.15 K, 
the reference state is O 2 gas. 

Enthalpies of formation are tabulated as a function of temperature for all 
commonly occurring species. For inorganic compounds, the JANAF Thermoche­
mical Tables are the primary reference source.8 These tables include values of the 
molar specific heat at constant pressure, standard entropy, standard Gibbs free 
energy (called free energy in the tables), standard enthalpy, enthalpy of formation 
and Gibbs free energy of formation, and log10 equilibriium constant for the for­
mation of each species from its elements. Some primary references for thermody­
namic data on fuel compounds are Maxwell,9 Rossini et al., 10 and Stull et al.11 

Enthalpies of formation of species relevant to hydrocaI'bon fuel combustion are 
tabulated in Table 3.2. Selected values of thermodynamic properties of relevant 
species are tabulated in App. D. 

For a given combustion reaction, the enthalpy of the products at the stan­
dard state relative to the enthalpy datum is then given by 

R; = L n, &li1,1 (3.21a) 
products 
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TABLE 3.2 
Standard entbal1>ies of formation 

species Staltet Mij, MJ/kmoJ 

O.1- Ga11 0 

N2 
Ga!1 0 

82 Giu1 0 

C Gai: 0 

CO2 Ga!i - 393.52 

H2O Gai: -241.83 

tl10 Liq'uid - 285.84 
co Gas - 110.54 

ca. Ga!: - 74.87 

C3Ha Oa11 -103.85 
CH3OH Gru1 -201.17 
CH30H Liq·uid - 238.58 
C8Hu Ga!1 -208.45 
C8H1a Liq'wd -249.35 

t Al 298.15 K (25°C) a1nd 1 atm. 

and the enthalpy of the reactants is given by 

HR = L n, llh1,1 (3.21b) 
reactants 

The enthalpy in.crease, (AH)p. To, is then obtained from the difference (H~ - H~). 
The internal enc::rgy increase can be obtained with Eq. (3.17). 

Example 3.:t Calculate the enthalpy of the products and reactants, and the enthalpy 
increase and internal energy increase of the reaction, of a stoichiometric mixture of 
methane and oxygen at 298.15 K. 

The stoichiometric reaction is 

CH4 + 202 = CO2 + 2H2 0 

Thus, for H 2O gas, from Tab1e 3.2 and Eq. (3.21a, b): 

H~ = - 393.52 + 2(-241.83) = -877.18 MJjkmol CH4 

For H2O liquid: 

H; = -393.52 + 2(-285.84) = -965.20 MJ/kmol CH4 

HR = - 74.87 MJ/kmol CH4 

Hence for 1-12 0 gas: 

(llH)~ = - 877.18 + 74.87 = - 802.31 MJ/krnol CH4 

and for H2O liquid: 

(llH)', = -965.20 + 74.87 = -890.33 MJ/lcmol CH4 
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Use Eq. (3.18) to find (AV)v. With 1120 gas, the number of moles of reactants and 
products are equal, so 

(AU)r = (LiH); = -802.3 MJ/kmol CH4 

For H2O liquid: 

(AU)~= -890.33 - 8.3143 x 10- 3(1- 3)298.15 MJ/kmol CH4 

(L\U)v = -885.4 MJ/kmol CH4 

Note that the presence of nitrogen in the mixture or oxygen in excess of the stoi­
chiometric amount would not change any of these calculations. 

3.5.3 Heating Values 

For fuels where the precise fuel composition is not known, the enthalpy of the 
reactants cannot be determined from the enthalpies of formation of the reactant 
species. The heating value of the fuel is then measured directly. 

The heating vaJue Qwv or calorific value of a fuel is the magnitude of the 
heat of reaction at constant pressure or at constant volume at a standard tem­
perature [usually 25°C (77°lF)l for the complete combustion of unit mass of fuel. 
Thus 

and 

QJlVp = -(/iH),,. To 

QHVv = -(.i:1U)v, To 

(3.22a) 

(3.22b) 

Complete combustion means that all carbon is converted to CO2 , all 
hydrogen is converted to H 20, and any sulfur present is converted to S02 . The 
heating value is usually expressed in joules per kilogram or joules per kilomole of 
fuel (British thermal units per pound-mass or British thermal units per pound­
mole). It is therefore unnect:ssary to specify how much oxidant was mixed with 
the fuel, though this must e)tceed the stoichiometric requirement. It is immaterial 
whether the oxidant is air or oxygen. 

For fuels containing hydrogen, we have shown that whether the H20 in the 
products is in the liquid or g;aseous phase affects the value of the heat of reaction. 
The term higher heating value QHHv (or gross heating value) is used when the 
H20 formed is aU condensed to the liquid phase; the term lower heating value 
QLHV (or net heating value)! is used when the H 20 formed is all in the vapor 
phase. The two heating valm~s at constant pressure are related by 

QHtJIV_p = QLHVp + (m;;O 
)11/9H20 (3.23) 

where (mH20/m1) is the ratio of mass of HzO produced to mass of fuel burned. A 
similar expression with u 10 fli2o replacing h 19 tt2o applies for the higher and lower 
heating value at constant voilume. 

The heating value at constant pressure is the more commonly used; often 
the qualification "at constant pressure" is omitted. The difference between the 
heating values at constant pressure and constant volume is small. 
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Heating valuest of fuels are measured in calorimeters. For gaseous fuels; it 
is most convenient and accurate lo use a continuous.flow atmosphere pressure 
calorimeter. The entering fuel is saturated with water vapor and mixed with suffi• 
cient saturated air for complete combustion at the reference temperature. The 
mixture is burned in a burner and the combustion products cooled with water­
cooled metal tube coils to close to the 1nlet temperature. The heat transferred to 
the cooling water is calculated from the measured water flow rate and water 
temperature rise. The heating value determined by this process is the higher 
heating value at constant pressure. 

For liquid and solid fuels, it is more satisfactory to burn the fuel with 
oxygen under pressure at constant volume in a bomb calorimeter. A sample of 
the fuel is placed in the bomb calorimeter, which is a stainless-steel container 
immersed in cooling water at the standard temperature. Sufficient water is placed 
in the bomb to ensure that the water produced in the combustion process will 
condense. Oxygen at 30 atmospheres is admitted to the bomb. A length of firing 
cotton is suspended into the sample from an electrically heated wire filament to 
act as a source of ignition. When combustion is complete the temperature rise of 
the bomb and cooling water is measured. The heating value determined by this 
process is the higher heating value at constant volume. 

The heating values of common fuels are tabulated with other fuel data in 
App. D. The following example illustrates how the enthalpy of a reactant mixture 
relative to the enthalpy datum we have defined can be determined from the mea­
sured heating value of the fuel. 

Example 3.3. Liquid kerosene fuel of the lower heating value (determined in a bomb 
calorimeter) of 43.2 MJ/kg a11d average molar H/C ratio of 2 is mixed with the 
stoichiometric air requirement at 298.15 K. Calculate the enthalpy of the reactant 
mixture relative to the datum of zero enthalpy for C, 0 2 , N 2 , and H 2 at 298.15 K. 

The combustion equation per mole of C can be written 

CHz + J(Oz + 3.773N 2 ) = CO 2 + H2O + 5.660N 2 

or 
7.160 kmol} . 7.66 kmol} 

14 kg fuel+ 4 a1r - products 
207. kg 221.4 kg 

where M = 28.962 for atmospheric air. 
The heating value given is at constant volume, -(i1.U)~ (AH); is obtained 

from Eq. (3.18), noting that the fuel is in the liquid phase: 

298.15 
(i1.R)~ = - 43.2 + 8.3143 x 10- 3 (7.66 - 7.160) x - 14-

= - 43.2 + 0.09 = - 43. l MJ/kg fuel 

t Standard methods for measuring heating values are defined by the American Society for Testing 
Materials. 
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The enthalpy of the products per kilogram of mixture is found from the 
enthalpies of formation (with H 2O vapor): 

1(- 393.52) + 1(-241.83) 
h,. = 221.4 

= 2.87 MJ/kg 

The enthalpy of the reactants per kilogram of mixture is then 

43.1 X 14 
hR = hp - (Ah); = 2.87 + 

4 
= 5.59 MJ/kg 

221. 

3.5.4 Adiabatic Combustioo1 Processes 

We now use the relationships developed above to examine two other special 
processes important in engine analysis: constant-volume and constant-pressure 
adiabatic combustion. For an adiabatic constant-volume process, Eq. (3.13) 
becomes 

(3.24) 

when UP and UR are evaluated relative to the same datum (e.g., the enthalpies of 
C, 0 2 , N 2 , and H2 are zero at 298.15 K, the datum used throughout this text). 

Frequently, however, the tables or graphs of internal energy or enthalpy for 
species and reactant or product mixtures which are available give internal ener­
gies or enthalpies relative to the species or mixture value at some reference tem­
perature T0 , i.e., U(T) - U(To) or H(T) - H(T0 ) are tabulated. Since 

U p('l"o) - U iTo) = (L\U)v. To 

it follows from Eq. (3.24) that 

[U p(T) - U p(T0 )] - [U R(T) - U iTo)] = -(L\U)v, To (3.25) 

relates the product and reac1tant states. Figure 3-7 illustrates the acliabatic 
constant-volume combustion prncess on a U-T diagram. Given the initial state of 
the reactants (TR , V) we can de1'.ermine the final state of the products (Tp , V). 

For an adiabatic constant-pressure combustion process, Eq. (3.13) gives 

Hp- HR= 0 

which combines with Eq. (3.16) to give 

[Hp(T) - Hp(To)] - [HiT) - HiTo)] = - (MI)p. r o (3.26) 

Figure 3 .. 7 illustrates this process also. Given the initial reactant state (TR, p) we 
can determine the final product state (Tp , p). 

Note that while in Figs. 3-5, 3-6, and 3-7 we have shown U and H for the 
reactants and products to be functions of T only, in practice for the products at 
high temperature U and H will be functions of p and T . The analysis presented 
here is general; however, to determine the final state of the products in an adia-
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FIGURE 3-7 
Adiabatic constant-volume combustion process on U-T 
diagram or adiabatic constant-pressure combustion 

To T,, T process on H-7' diagram. 

batic combustion process, the constant-volume or constant-pressure constraint 
must also be used explicitly. 

The final temperature of the products in an adiabatic combustion process is 
called the adial'Jatic flame temperature. Examples of typical adiabatic flame tem­
peratures are shown later in Fig. 3-11. 

3.S.5 Combu1stion Efficiency of an Internal 
Combustion E:ngine 
In practice, the exhaust gas of an internal combustion engine contains incomplete 
combustion products (e.g., CO, H2 , unburned hydrocarbons, soot) as well as 
complete combustion products (CO2 and H2O) (see Sec. 4.9). Under lean oper­
ating conditions the amounts of incomplete combustion products are small. 
Under fuel-rich operating conditions these amounts become more substantial 
since there is i1nsufficient oxygen to complete combustion. Because a fraction of 
the fuel's chemicaJ energy is not fully released inside the engine during the com­
bustion process, it is useful to define a combustion efficiency. The engine can be 
analyzed as an open system which exchanges heat and work with its surrounding 
environment (tbe atmosphere). Reactants (fuel and air) flow into the system; pro­
ducts (exhaust gases) flow out. Consider a mass m which passes through the 
control volume, surrounding the engine shown in Fig. 3-8; the net chemical energy 
release due to c:ombustion within the engine is given by 

[HR(TA) - Hp(TA)] = m(_ L, n,lllif,i - . L, 11,llhr,,) 
1, reactants 1, products 

Enthalpy is thi~ appropriate property since PR = PP = Pacm . n, is the number of 
moles of species i in the reactants or products per unit mass of working fluid and 
6.li'1., is the standard enthalpy offormatifn of species i at ambient temperature T,.. . 

The amount of fuel energy supplied to the control volume around the 
engine which can be released by combustion is m1 QHV . Hence., the combustion 
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Control volume ,-----------7 
Fuel l I 

I 
I I Exhuust I Engine 
I I I 

Air I I 
I I L ___________ _j 

gas 

FIGURE 3-8 
Control volume s1urrounding engine. 

efficiency-the fraction of the fuel energy supplied which is released in the com­
bustion process-is given by12 

HiT,.) - Hp(T,.) 
r, = 

c m,QKv 
(3.27) 

Note that m and m1 could be replaced by the average maiss flow rates m and m 1 . 

Figure 3-9 shows how combustion efficiency varie8 with the fuel/air equiva­
lence ratio for internal combustion engines. For spark-ignition engines, for lean 
equivalence ratios, the combustion efficiency is usually in the range 95 to 98 
percent. For mixtures richer than stoichiometric, lack ,of oxygen prevents com­
plete combustion of the fuel carbon and hydrogen, and the combustion efficiency 
steadily decreases as the mixture becomes richer. Combustion efficiency is little 
affected by other engine operating and design variables, provided the engine com-

100 
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FIGURE ~9 
Variation of engine combustion efficiency with fuel/air equivalence ratfo. 
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bustion process remains stable. For diesel engines, which always operate lean, the 
combustion efficiency is normally higher-about 98 percent. Details of exhaust 
gas composition, on which these combustion efficiencies are b:ased, can be found 
jn Sec. 4.9. 

3.6 THE SECOND LAW OF 
THERMODYNAMICS APPLIED TO 
COMBUSTION 

3.6. t Entropy 

[n App. B, it is shown how the entropy of a mixture of ideal gases of known 
composition can be calculated. The discussion earlier relating enthalpies (or inter­
nal energies) of reactant and product mixtures applies to entropy also. The stan­
dard state entropies of chemical species are tabulated in the JANAF tables 
relative to zero entropy at O K. If the entropies of the elements at a datum 
temperature are arbitrarily set equal to zero, then the values of the entropy of a 
reactant mixture of given composition and of the resulting product mixture of 
given composition are both determined. 

3.6.2 Maximum Work from an Internal 
Combustion Engine and Efficiency 

An internal combustion engine can be analyzed as an open system which 
exchanges heat and work with its surrounding environment (the atmosphere). 
Reactants (fuel and air) flow into the system; products (exhaulst gases) flow out. 
By applying the second law of thermodynamics to a control volume surrounding 
the engine, as illustrated in Fig. 3-8, we can derive an c:x.pression for the 
maximum useful work that the engine can deliver. 

Consider a mass m of fluid as it passes through the control volume sur­
rounding the engine. The first law gives 

AQ- AWu = AH 

where AWu is the useful work transfer (i.e., non-p dV work) t,o the environment 
and AH = HP - HR. Since the heat transfer AQ occurs only with the atmosphere 
at temperature TA, from the second law 

These equations combine to give 

AQ < /J.S 
T -A 

/J. Wu ~ -(AH - TA AS) = -AB 

where Bis the steady-flow availability function, H - TA S.13 Usually PR= PA and 
TR = TA. The maximum work will be obtained when pp == p 11 and Tp = TA. 
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TABLE 3.3 
Enthalpies and free energies of combustion reactions 

Reacriont 

C+ O2 -+CO2 
H2 + ½02---+ H2O 

CH4 + 202 ---+ CO2 + 2H2O 
CH4O(1) + JO2 ---+ CO2 + 2H:zO 
C3Ha(g) + 502 -+ 3CO2 + 4H2O 
C6H6 (0 + ¥02-+ 6CO2 + 3H2O 

C8H18(J) + ¥,02 -. 8C02 + 9H20 

t H 2O {gas) in products, 

Under these conditions, 

Ah~91 , MJ/kmol Ai~H, MJ/kmol 

-393.52 -394.40 
-240.91 - 232.7S: 
-802.30 - 800.76 
-638.59 -685.35 
-2044.0 -2074.1 
-3135.2 -3175.1 
- 5074.6 -5219.91 

L\Wu < -[(H - TS)P,,.~, ... - (H - TS)RT,.p) = - (L\G)r_.,p,f 

or L\ Wu max = -(AG)r A, PA (3.28) 

G is the Gibbs free energy, H - TS, and (L\G)r,., PA is the Gibbs free energy 
increase in the reaction of the fuel-air mixture to products at atmospheric tem­
perature and pressure. -(L\G)r,., PA will be a maximum when combustion is com­
plete. 

A fundamental measure of the effectiveness of any practical internal com­
bustion engine is the ratio of the actual work delivered compared with this 
maximum work. This ratio will be called the availability conversion efficiency 170 : 

AW AW 
'1 = --= ---- (3.29) 

a L\ Wu max (L\G)r A, PA 

The property availability is the maximum useful wo;rk transfer that can be 
obtained from a system atmosphere (or control-volume atmosphere) combination 
at a given state. This efficiency therefore defines the frac'tion of the availability of 
the unburned fuel and air which, passing through the en,gine and interacting only 
with the atmosphere, is actually converted to useful work Availability analysis of 
engine operation is proving valuable in identifying where the significant irrevers­
ibilities or losses in availability occur. This topic is discussed more fully in Sec. 
5.7. 

(AGh A, PA, or (Agh A, PA, is not an easy quantity to evaluate for practical 
fuels; it is the heating value, -(AhhA, which is usually measured. Values of 
(.1g)i98 and {Ah);98 for selected fuel combustion reactions are given in Table 3.3. 
For the pure hydrocarbons they are closely comparable because at 298 K, As0 4 
L\h0 /T. For hydrogen and methanol the differences are larger, however. Because 
for practical fuels - (L\11)298 is measured directly as the h1eating value of the fuel, it 
is standard practice to use the following definition of efficiency: 

(3.30) 

Page 116 of 966



THERMOCHEMISTRY OF FUEL-AIR MIXTURES 85 

which was defined as the fuel conversion efficiency in Sec. 2.8. Note that some• 
times the higher heating value is used in Eq. (3.30) and sometimes the lower 
heating value. Whichever value is used should be explicitly stated. The normal 
practice in internal combustion engine analysis is to use the lower heating value 
at constant pressure, since the engine overall is a steady flow device and the water 
in the exhaust is always in vapor form. We will use QLHVp in Eq. (3.30) through­
out this text The fuel conversion efficiency is the most commonly used definition 
of engine efficiency because it uses an easily measured quantity, the heating value, 
to define the usable fuel energy supplied to the engine. For hydrocarbon fuels, 
since /lh0 

::::::: Ilg°, the fuel conversion efficiency and the availability conversion 
efficiency are closely comparable in value. 

In practice, not all the fuel energy supplied to the engine is released by the 
combustion process since combustion is incomplete; the combustion efficiency 
[Eq, (3.27)] is less than unity. It is sometimes useful to separate out the effects of 
incomplete combustion by defining an efficiency which relates the actual work 
per cycle to the amount of fuel chemical energy released in the combustion 
process. We will call this the thermal conversion efficiency '1,: 

~ ~ ~ 
'le= HR(T,.) -H,(T,.) = - (Ml)r,. - 'le mt QHv 

(3.31) 

Qbviously the fuel conversion, thermal conversion, and combustion efficiencies 
are related by 

(3.32) 

It is important to understand that there is a fundamental difference between 
availability conversion efficiency as defined by Eq. (3.29) [and the fuel conversion 
efficiency for internal combustion engines, Eq. (3.30), which closely approximates 
it] and the efficiency of a thermodynamic heat engine. The second law limit to 
the availability conversion efficiency is unity. For a thermodynamic heat engine 
(which experiences heat-transfer interactions with at least two heat reservoirs) the 
efficiency is limited to a value substantially less than unity by the temperatures of 
the heat reservoirs available.13 

3.7 CHEMICALLY REACTING GAS 
MIXTURES 

The working fluids in engines are mixtures of gases. Depending on the problem 
under consideration and the portion of the engine cycle in which it occurs chemi­
cal reactions may: (1) be so slow that they have a negligible effect on mixture 
composition (the mixture composition is essentially "frozen"); (2) be so rapid 
that the mixture state changes and the composition remains in chemical equi­
librium; (3) be one of the rate-controlling processes that determine how the com­
position of the mixture changes with time. 
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3.7.1 Chemical Equilibrilllm 

It is a good approximation for performance estimates in engines to regard the 
burned gases produced by the combustion of fuel and air as in chemical equi­
librium. t By this we mea111 that the chemical reactions, by which individual 
species in the burned gases react together, produce and remove each species at 
equal rates. No net change in species composition results. 

For example, if the temperature of a mass of carbon dioxide gas in a vessel 
is increased sufficiently, some of the CO2 molecules dissociate into CO and 0 2 
molecules. If the mixture of CO2 , CO, and 0 2 is in equilibrium, then CO2 mol­
ecules are dissociating into CO and 0 2 at the same rate as CO and 0 2 molecules 
are recombining in the propo,rtions required to satisfy the equation 

CO+ ½02 = CO2 

In combustion products of hydrocarbon fuels, the major species present at 
low temperatures are N

2

, H
2

0, CO
2

, and 0
2 

or CO and H
2

. At higher tem­
peratures (greater than about 2200 K), these major species dissociate and react to 
form additional species in siignificant amounts. For example, the adiabatic com­
bustion of a stoichiometric mixture of a typical hydrocarbon fuel with air pro­
duces products with species mole fractions of: N 2 ~ 0.7; H 20, CO2 ~ 0.1; CO, 
OH, 0 2 , NO, H 2 ~ 0.01; H, 0 ~ 0.001; and other species in lesser amounts. 

The second law of theirmodynamics defines the criterion for chemical equi­
librium as follows. Consider a system of chemically reacting substances under­
going a constant-pressure> constant-temperature process. In the absence of shear 
work (and electrical work, gravity, motion, capillarity), the first law gives 

oQ=dH 

The second law gives 

oQ s T dS 

Combining these gives 

dH- T dS s; 0 

Since we are considering co1r1stant-temperature processes, this equation holds for 
finite changes: 

Thus, reactions can only occur (at constant pressure and temperature) if G 
( =H - TS) for the products is less than G for the reactants. Hence at equilibrium 

(.:'\G),. r = 0 (3.33) 

t This assumptio11 ls not valid late in the expansion stroke and during the exhaust process (see Sec. 
4.9), Nor does it take account of polllutant formation processes (see Chap. 11). 
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Consider a reactive mixture of ideal gases. The reactant species M0 , Mb, 
etc., and product species M1, M111 , etc., are related by the gem:ral reaction whose 
stojchiometry is given by 

\la M 0 + \lb Mb+···= \11 M, + VmMm + · · · 
This can be written as 

(3.34a) 

(3.34b) 

where the 111 are the stoichiometric coefficients and by convention are positive for 
the product species and negative for the reactant species. 

Let an amount ona of M 0 react with onb of M1., etc., and produce on, of M,, 
onm of Mm, etc. These amounts are in proportion: 

(3.35) 

The change in Gibbs free energy of a mixture of ideal gases, at constant 
pressure and temperature, as the composition changes is given by 

(aG)p. r = L µ, on, (3.36) 
i 

where oni is the change in number of moles of species i and µ is the chemical 
potential. The chemical potential, an intensive property, is defined as 

~ (oG) J(,= -
fJni p. 1' , n1U* iJ 

(3.37) 

It is equal in magnitude to the specific Gibbs free energy at a given temperature 
and pressure. For an ideal gas, it follows from Eqs. (B.13), (B.15) and (3.37) that 

(3.38) 

where jJ.f equals g?. the standard specific Gibbs free energy of formation. The 
standard state pressure p0 is usually one atmosphere. 

Substitution in Eq. (3.36) gives, at equilibrium, 

L (.ur + RT In ;Jon, = 0 

or L (µ~+RT In ;;)v;'5n = 0 

We can divide by 8n and rearrange, to obtain 

L In (P1)v' = - (L_?f V;) = - ~Go= ln K 
Po RT RT P' 

(3.39) 

K,, is the equilibrium constant at constant pressure; 

K fl = n (J!J_)vi 
i Po 

(3.40) 
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It is obtained from the Gibbs free energy of the reaction which can be calculated 
from the Gibbs free energy of formation of each species in the reaction, as indi­
cated in Eq. (3.39) above. It is a function of temperature only. 

In the JANAF tables,8 to simplify the calculation of equilibrium consta1nts, 
values of 1og10 (Kp)i, the equilibrium constants of formation of one mole of e1ach 
specic:s from their elements in their standard states, are tabulated against tc:m­
peratiure. The equilibrium constant for a specific reaction is then obtained via the 
relation 

(3..41) 

With the JAN AF table values of (K,),, the pressures in Eqs. (3.40) and (3.41) must 
be in atmospheres, 

The effect of pressure on the equilibrium composition can be deduced from 
Eq. (3,.40). Substitution of the mole fractions x1 and mixture pressure p gives 

TI (p')V! = TI (x, .!!_)Vj = (.!!...)t,vr n X;' = K, 
; Po I Po Po 1 

If L; v1 = 0, changes in pressure have no effect on the composition. If Liv,:> 0 
(dissociation reactions), then the mole fractions of the dissociation products 
decre:ase as pressure increases. If Li v1 < 0 (recombination reactions), the con­
verse is true. 

An equilibrium constant, Kc, based on concentrations (usually expressed in 
gram moles per cubic centimeter) is also used: 

(3..42) 

Equation (3.40) can be used to relate K, and Kc : 

K,, = Kc(RT)I-1 
"' (3.43) 

for Po,= 1 atmosphere. For Liv,= 0, KP and Kc are equal. 

Example 3.4. A stoichiometric mixture of CO and 0 2 in a closed vessel, initially at 
J atm and 300 K, is exploded. Calculate the composition of the products of c1om­
bustion at 2500 K and the gas pressure. 

The combustion equation is 

CO+ ½02 = CO2 

The JANAF tables give log10 K" (equilibrium constants of fonnation from the ele­
ments in their standard state) at 2500 K of CO2 , CO, and 0 2 as 8.280, 6.840, and 0, 
respectively. Thus, the equilibrium constant for the CO combustion reaction above 
is, from Eq. (3.41), 

log10 KP= 8.280 - 6.840 = 1.440 

which gives KP= 21.5. 

Page 120 of 966



THERMOCHEMISTRY OF FUEL-AIR MIXTURES 89 

If the deg:ree of dissociation in the products is o: (i.e., a fraction ex of the CO2 

formed by complete combustion is dissociated), the product composition is 

CO, cx; 

For this mixtur1e, the number of moles of reactants nR is ¾; the number of moles of 
products np is ( I + cx/2). 

The ideal gas Jaw gives 

Thus 

PP 1 2500 
- = - x -- = S.555 atm/mol 
np 1.5 300 

The equilibrium. relation [Eq. (3.40)] gives 

1 _ CX ("p)l/2 
cx(o:/2)112 PP = 27.5 

which can be solved to give o: = 0.074. 
The comp,osition of the products in mole fractions is, therefore, 

l - cx 
Xco2 = --= 0.893 

tip 

0: 
Xco = - = 0.071 

Tip 

The pressure of the product mixture is 

p = 5.555nP = 5.76 atm 

Elil:ample 3.5. fo fuel-rich combustion product mixtures, equilibrium between the 
species CO2 , H 2O, CO, and H2 is often assumed to determine the burned gas com­
position. For <J, = 1.2, for C8H 18-air combustion products, determine the mole frac­
tions of the product species at 1 700 K. 

The reaction relating these species (often called the water gas reaction) is 

CO2 + H 2 = CO + H 2O 

From the JANAF tables, log10 KP of formation for these species at 1700 Kare: 
CO2 , 12.180; H2, 0; CO, 8.011; H2O(g), 4.699. The equilibrium constant for the 
above reaction is, from Eq. (3.41), 

log10 KP= 8.011 + 4.699 - 12.180 = 0.530 

from which KP ,= 3.388. 
The combustion reaction for C8 H18-air with</> = 1.2 can be written 
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A carbon balance gives: 

A hydrogen balance gives: 

CJ+c=S 

2b + 2d = 18 

An oxygen balance gives: 2a + b + c = 20.83 

The equilibrium relation gives (bc)/(ad) = 3.388 (since the equilibrated reac~ 
tion has the same number of moles as there are reactants or products, the moles of 
each species can be substitutecil for the partial pressures). 

These four equations ca1n be solved to obtain 

c2 
- 19.3c + 47.3 = 0 

which gives c = 2.89, a= 5.12,, b = 7.72, and d = L29. The total number of moles of 
products is 

a+ b + c + d + 39.3 = 56.3 

and the mole fractions of the species in the burned gas mixture are 

CO2 , 0.0908 ; co, 0.051; Nv 0.698 

Our development of the equilibrium relationship for one reaction has 
placed no restrictions on the occurrence of simultaneous equilibria. Consider a 
mixture of N reacting gases in equilibrium. If there are C chemical elements, 
conservation of elements will provide C equations which relate the concentra­
tions of these N species. Any siet of (N - C) chemical reactions, each in equi­
librium, which includes each species at least once will then provide the additional 
equations required to determine the concentration of each species in the mixture. 
Unfortunately, this complete set of equations is a coupled set of C linear and 
(N - C) nonlinear equations which is difficult to solve for cases where 
(N - C) > 2. For complex systems such as this, the following approach to equi­
librium composition calculations is now more widely used. 

Standardized computer mc:thods for the calculation of complex chemical 
equilibrium compositions have 1been developed. A generally available and well, 
documented example is the NASA program of this type.14 The approach taken is 
to minimize explicitly the Gibbs free energy of the reacting mixture (at constant 
temperature and pressure) subject to the constraints of element mass conserva­
tion. The basic equations for the NASA program are the foHowing. 

If the stoichiometric coefficients aii are the number of kilomoles of element i 
per kilomole of species j, bf is the number of kilomoles of element i per kilogram 
of mixture, and ni is the number of kilomoles of species j per kilogram of mixture, 
element mass balance constraints are 

n 

L aiJn1 - b'i"=0 for i = 11 2, ... , I (3.44) 
J = 1 

The Gibbs free energy per kilogrn.m of mixture is 

(3.45) 
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for gases, the chemical potential µ1 is 

µi = µ'} + RT ln (;) + RT ln p (3.46) 

where µ'J is the chemical potential in the standard state and p is the mixture 
pressure in atmospheres. Using the method of lagrangian multipliers, the term 

I n 

G = g + L J.i L (aiini - br) 
1= 1 j =- 1 

is defined. The condition for equilibrium then becomes 

bG = jtl (ttj + ,t1 ,taij)onj + ,t1 jtl (a11n1 - bt)M,, = 0 

Treating the variations lm1 and 0A.1 as independent gives 
I 

p, j + I ;., aij = o for j = 1, .. . , n 
1-= l 

(3.47) 

(3.48) 

and the original mass balance equation (3.44). Equations (3.44) and (3.48) permit 
the detennination of equilibrium compositions for thermodyi!lamic states speci­
fied by a temperature T and pressure p. 

In the NASA program~ the thermodynamic state may be: specified by other 
pairs of state va.l'iables: enthalpy and pressure (useful for constant-pressure com­
bustion processes); temperature and volume; internal energy and volume (useful 
for constant-volume combustion processes); entropy and pre:ssure, and entropy 
and volume (useful for isentropic compressions and expansions). The equations 
required to obtain mixture composition are not all linear iin the composition 
variables and an iteration procedure is generally required to obtain their solu• 
tion. Once the composition is determined, additional relations, such as those in 
App. B which define the thermodynamic properties of gas mix1tures, must then be 
used. 

For each species, standard state enthalpies li0 are obtained by combining 
standard enthalpies of formation at the datum temperature (298.15 K) Mi1298 
with sensible enthalpies (h0 - li198), i.e., 

(3.49) 

For the elements in their reference state, ~li';.298 is zero [the dements important 
in combustion are C (solid, graphite), H2(g), Oi(g), Ni(g)]. 

For each species> the thermodynamic quantities specific !heat, enthalpy, and 
entropy as functions of temperature are given in the form: 

-j = a 1 + a2 T + a3 T
2 + a4 T

3 + a5 T
4 (3.50a) 

(3.50b) 
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s o a3 a4 as 
R = a 1 In T + a2 T + 2 T 2 + 3 T 3 + 4 T 4 + a7 (3.50c) 

The coefficients are obtained by least-squares matching with thermodynamic 
property data from the JANAF tables. Usually two sets of coefficients are 
included for two adjacent temperature intervals (in the NASA program these are 
300 to 1000 Kand 1000 to 5000 K) (see Sec. 4.7). 

In some equilibrium programs, the species to be included in the mixture 
must be specified as an input to the calculation. In the NASA program, all allow­
able species are included in the calculation, though species may be specifically 
omitted from consideration. 

For each reactant composition and pair of thermodynamic state variables, 
the program calculates and prints out the following: 

I. Thermodynamic mixture properties (obtained from the equilibrium composi­
tion and the appropriate gas mixture rule; see App. B). p, T, p, h, s, M , 
(o In V/o ln p)r, (8 ln V/o In T)p , cp, y8 , and a (sound speed) 

2. Equilibrium composition. Mole fractions of each species (which are present in 
significant amounts), x1 

Figure 3-10 shows how the equilibrium composition of the products of 
combustion of isooctane-air mixtures at selected temperatures and 30 aun pres­
sure varies with the equivalence ratio. At low temperatures, the products are N 2 , 

CO2 , H20, and 0 2 for lean mixtures and N 2 , CO2 , H 20, CO, and H2 for rich 
mixtures. As temperature increases, the burned-gas mixture composition becomes 
much more complex with dissociation products such as OH, 0, and H becoming 
significant. 

Figure 3-11 shows adiabatic flame temperatures for typical engine condi­
tions as a function of the equivalence ratio, obtained with the NASA program 
using the methodology of Sec. 3.5.4. The isooctane-air unburned mixture state 
was 700 Kand 10 atm. Flame temperatures for adiabatic combustion at constant 
pressure (where PR and HR are specified) and at constant volume (where VR and 
UR are specified) are shown. Flame temperatures at constant volume are higher, 
because the final pressure is higher and dissociation is less. Maximum flame tem­
peratures occur slightly rich of stoichiometric. 

3.7.2 Chemical Reaction Rates 

Whether a system is in chemical equilibrium depends on whether the time con­
stants of the controlling chemical reactions are short compared with time scales 
over which the system conditions (temperature and pressure) change. Chemical 
processes in engines are often not in equilibrium. Important examples of non­
equilibrium phenomena are the flame reaction zone where the fuel is oxidized, 
and the air-pollutant formation mechanisms. Such nonequilibrium processes are 
controlled by the rates at which the actual chemical reactions which convert 
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Mole fractions of equilibrium combustion products of isooctane-air miixtures as a function of fuel/air equivalence ratio at 30 atmospheres and (a) 1750 K; (b) 2250 K; 
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FIGURE 3-11 
Equilibrium product temperatures for constant-volume (T,., u) andl constant-pressure (T,., p) adiabatic 
combustion of isooctane-air mixture initially at 700 K and 10 atm, as a function of fuel/air equiva­
lence ratio. Pressure (p,._ 0) is equilibrlum pressure for adiabatic constant-volume combusti<>n. 

reactants to products occur. The rates at which 1chemical reactions proceed 
depend on the concentration of the reactants, temperature. and whether any cata­
lyst is present. This field is called chemical kinetics arnd some of its basic relations 
will now be reviewed. 2 

Most of the chemical reactions of interest in combustion are binary reac­
tions, where two reactant molecules, M0 and Mb, with the capability of reacting 
together collide and form two product molecules, Mc and Md; i.e., 

(3.51) 

An important example of such a reaction is the irate-controlling step in the 
process by which the pollutant nitric oxide, NO, forms: 

0 + N2 =NO+ N 

This is a second-order reaction since the stoichiometric coefficients of the reac­
tants v

0 
and vb are each unity and sum to 2. (The only first-order reactions are 

decomposition processes.) Third-order reactions are: important in combustion, 
also. Examples are the recombination reactions by which radical species such as 
H, 0, and OH combine during the final stage of the fuel oxidation process: e.g., 

H + H + M = H2 + M* (3.52) 
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Mis any mole,cule (such as N 2) which takes part in the collision and carries away 
the excess energy. 

The law of mass action states that the rate at which product species are 
produced and the rate at which reactant species are removed is proportional to 
the product olf the concentrations of reactant species, with the concentration of 
each species raised to the power of its stoichiometric coefficient v,. Thus, for 
reaction (3.51) above, the reaction rate R + in the forward ( +) direction, reactants 
to products, is given by 

R+ = _ d[M11]+ = d[Mc] + = k+[M ][M] 
dt dt a b 

(3.53) 

If the reaction can also proceed in the reverse ( - ) direction, then the backward 
rate R - is give:n by 

(3.54) 

k+ and k - arc~ the rate constants in the forward and reverse directions for this 
reaction. The 11et rate of production of products or removal of reactants is, there­
fore, 

R+ - R- = d[MJ + + d[Mc] - = - d[Ma]+ 
dt dt dt 

(3.55) 

These reimlts can be stated more generally as follows. Any reaction can be 
written as 

" m 

L vR,MR, = L VprMP, (3.56) 
i = 1 i = l 

where v1 is the stoichiometric coefficient of species M,, subscripts R and P denote 
reactants and products, respectively, and there are n reactant species and m 
product species. The forward reaction rate R + and the reverse reaction rate R­
are given by 

II 

R+ = k+ n [MR,rRI 
i= 1 

m 
(3.57) 

R- = "- n [Mp,rr, 
I= I 

The net rate of removal of reactant species MR, is 

(3.58a) 
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and the net rate of production of product species Mp1 is 

(3.58b) 

The rate constants, k, usualJy follow the Arrhenius form: 

(3.59) 

where A is called the frequency or preexponential factor and may be a (moderate) 
function of temperature; EA is the activation energy. The Boltzmann factor 
exp (-E,4./RT) defines the fraction of all collisions that have an energy greater 
than E A-i.e., sufficient energy to make the reaction take place. The functional 
dependence of k on T and the constants in the Arrhenius form, Eq. (3.59), if that 
is appropriate, are determined experimentally. 

At equilibrium, the forward and reverse reaction rates are equal. Then, from 
Eq. (3.55), with R+ - R- = 0: 

k+ = [MJ[Md] = K 
k - [M0][Mb] c 

where K, is the equilibrium constant based on concentrations defined by Eq. 
(3.42). It can be related to KP, the equilibrium constant based on partial pres­
sures, by Eq. (3.43). 

The chemical reaction mechanisms of importance in combustion are much 
more complex than the above illustrations of rate-controlled processes. Such 
mechanisms usually involve both parallel and sequential interdependent reac• 
tions. The methodology reviewed above still holds; however, one must sum alge­
braically the forward and reverse rates of all the reactions which produce (or 
remove) a species of interest. In such complex mechanisms it is often useful to 
assume that (some of) the reactive intermediate species or radicals are in steady 
state. That is, these radicals react so quick]y once they are formed that their 
concentrations do not rise but are maintained in steady state with the species 
with which they react. The net rate at which their concentration changes with 
time is set equal to zero. 

PROBLEMS 
3.1. Isooctane is supplied to a four-cylinder spark-ignition engine at 2 g/s. Calculate the 

air flow rate for stoichiometric combustion. If the engine is operating at 1500 rev/ 
min, estimate the mass of fuel and air entering each cylinder per cycle. The engine 
displaced volume is 2.4 liters. What is the volumetric efficiency? 

3.2. Calculate the exhaust gas composition of a butane-fueled spark-ignition engine oper­
ating with equivalence ratio of 0.9. Assume the fuel is fully burned within the cylin­
der. Butane is C4H10 . 
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" rhe molar composition of dry exhaust gas of a propane-fueled SL engin,e is given below (water 3,.,. 
was removed before the measurement). Calculate the equivalence ratio. 

J.4. 

3.5. 

3.6. 

3.7. 

3.8. 

CO2 = 10.8%, co = 0%, H 2 1=0% 

Evaluate and compare the lower heating values per unit malSs of stoichiometric 
mixture and per unit volume of stoichiometric mixture (at standard atmospheric 
conditions) for methane, isooctane, methyl alcohol, and hydrogen. Assume the fuel is 
fully vaporized. 
The measured engine fuel flow rate is 0.4 g/s, air flow rate is 5.6 g/s, and exhaust gas 
composition (measured dry) is CO2 = 13.0%, CO= 2.8% with 0 2 essentially zero. 
Unburned hydrocarbon emissions can be neglected. Compare t:he equivalence ratio 
calculated from the fuel and air flow with the equivalence ratio calculated from 
exhaust gas composition. The fuel is gasoline with a H/C ratio of 1.87. Assume a H2 

concentration equal to one-third the CO concentration. 

The brake fuel conversion efficiency of an engine is 0.3. The me:chanical efficiency is 
0.8. The combustion efficiency is 0.94. The heat losses to the coolant and oil are 
60 kW. The fuel chemical energy entering the engine per uinit time, m1QHv, is 
190 kW. What percentage of this energy becomes (a) brake woirk; (b) friction work; 
(c) heat losses; (d) exhaust chemical energy; (e) exhaust sensible en1ergy. 
An upper estimate can be made of the amount of NO formed in an engine from 
considering the equilibrium of the reaction N2 + 0 2 = 2NO. Calculate the NO con• 
centration at equilibrium at 2500 K and 30 atm. log10 KP = - • 1.2 for this reaction 
at 2500 K. Assume N/0 ratio in the combustion products is 1 5. N2 , 0 2 1 and NO 
are the only species present. 
Carbon monoxide reacts with air at 1 atm and 1000 K in an exhaust gas reactor. 
The mole fractions of the exhaust gas-air mixture flowing into the reactor are CO, 
3% ; 0 2 , 7%; N2 ,74%; CO2 , 6%; H2O, 10%. 
(a) Calculate the concentration of CO and 0 2 in gram moles pe:r cm3 in the entering 

mixture. 
(b) The rate of reaction is given by 

d[CO]/dt = - 4.3 x 1011 x [C0][02]
0

•
25 exp [ - E/(RT)] 

[ J denotes concentration in gram moles per cm 3, E/ R = 201000 K. Calculate the 
initial reaction rate of CO. d[CO]/dt: time is in seconds. 

(c) The equilibrium constant KP for the reaction CO + ½02 ; = CO2 at 1000 K is 
1010 . Find the equilibrium CO concentration. 

(d) Determine the time to reach this equilibrium concentration of CO using the 
initial reaction rate. (The actual time will be longer but this calculation indicates 
approximately the time required.) 

3.9. The exhaust gases of a hydrogen-fueled engine contain 22.3, percent H2O1 7.44 
percent 0 2 , and 70.2 percent N2 • At what equivalence ratio is it operating? 

3.10. Gas is sampled at 1 atmosphere pressure from the exhaust mamifold of an internal 
combustion engine and analyzed. The mole fractions of species in the exhaust are: 

H 20 , 0.0468; CO2 , 0.0585; 0 2 , 0.123 ; N 2 ,, 0.772 

Other species such as CO and unburned hydrocarbons can be n1~glected. 
(a) The fuel is a synthetic fuel derived from coal containing only carbon and hydro• 

gen. What is the ratio of hydrogen atoms to carbon atoms in the fuel? 
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(b) Calculate the fuel/air equivalence ratio at which this engine is operating. 
(c} Is the internal combustic,n engine a conventional spark-ignition or a diesel 

engine? Explain. 
(d) The engine has a displaced volume of 2 liters. Estimate approximately the per­

centage by which the fuel flow rate would be increased if this engine were oper­
ated at its maximum load 1a.t this same speed (2000 rev/min). Explain briefly what 
limits the equivalence ratio, at maximum load. 

3.11. The following are approximaite values of the relative molecular mass (molecular 
weights): oxygen 0 2 , 32; nitro,gen N2 , 28; hydrogen H 2 , 2; carbon C, 12. Determine 
the stoichiometric fuel/air and air/fuel ratios on a mass basis, and the lower heating 
value per unit mass of stoichiometric mixture for the following fuels: 

Methane (CH4), isooctane (C8H 18), benzene (C6 H6), hydrogen (H2 ), methyl 
alcohol (CH3OH) 

Heating values for these fuels are given in App. D. 

3.12. Liquid petroleum gas (LPG) i.s used to fuel spark-ignition engines. A typical sample 
of the fuel consists of 

70 percent by volume propi,rne C3H8 
5 percent by volume butane C4 H 10 

25 percent by volume propene C3H6 

The higher lteating values of the fuels are: propane, 50.38 MJ/kg: butane, 49.56 
MJ/kg; propylene (propene), 48.95 MJ/kg. 
(a) Work out the overall combustion reaction for stoichiometric combustion of I 

mole of LPG with air, and the stoichiometric FI A and A/F. 
(b) What are the higher and lower heating values for combustion of this fuel with 

excess air, per unit mass of LPG? 
3 .13. A spark-ignition engine is opeirated on isooctane fuel (C8H 18). The exhaust gases are 

cooled, dried to remove water, and then analyzed for CO2 , CO. H~, 0 2 . Using the 
overall combustion reaction for a range of equivalence ratios from 0.5 to 1.5, calcu­
late the mole fractions of CO2 , CO, H 2 , and O 2 in the dry exhaust gas, and plot the 
results as a function of equival1ence ratio. Assume: 
(a) that all the fuel is burnt inside the engine (almost true) and that the ratio of 

rnoles CO to moles Hi in the exhaust is 3 : 1, and 
(b) that there is no hydrogen im the exhaust for lean mixtures. 

For high-power engine operation the air/fuel ratio is 14: 1. What is the exhaust gas 
composition, in mole fractions, before the water is removed? 
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4.1 INTRODUCTION 

CHAPTER 

4 
PROPERTIES 

OF WORKING 
FLUIDS 

The study of engine operation through an analysis of the processes that occur 
inside the engine has a Jong and productive history. The earliest attempts at this 
analysis used the constant-volume and constant-pressure ideal cycles as approx­
imations to real engine process,es (see Chap. 5), With the development of high­
speed digital computers, the simulation of engine processes has become much 
more sophisticated and accura1te (see Chap. 14). All these engine simulations 
(from the simplest to the most i:omplex) require models for the composition and 
properties of the working fluids inside the engine, as well as models for the indi­
vidual processes-induction, coirnpression, combustion, expansion, and exhaust­
that make up the engine operating cycle. This chapter deals with models for the 
working fluid composition, and thermodynamic and transport properties. 

The composition of the working fluid, which changes during the engine 
operating cycle, is indicated in Table 4.1. The unburned mixture for a spark­
ignition engine during intake and compression consists of air, fuel, and previously 
burned gases. It is, therefore, a mixture of N 2 , 0 2 , CO2 , H 20 , CO, and H 2 for 
fuel-rich mixtures, and fuel (us:ually vapor). The composition of the unburned 
mixture does not change significantly during intake and compression. It is sufli-

100 
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TABLE 4.1 
working fluid constituents 

Process 

Intake 

compression 

Expansion 

Exhaust 

Spark-ignition engine 

Air 
Fuelt 
Recycled exhaustt 
Residual gas§ 

Air 
Fuel vapor 
Recycled exhaust 
Residual gas 

Combustion products 
(mixture of N.2, H20 , 
C0.2, CO, H2 , 0.2, NO, 
OH,O, H, .. . ) 

Combustion products 
[mainly N 2 , C01 , H20 
and either 01 (<J, < 1) 
or CO and H 1 (1/i > l)] 

PROPBRTIBS OF WORKING FUJIDS 101 

Compression-ignition engine 

Air 
Recycled exhaustt 
Residual gas§ 

Air 
Recycled exhaust 
Residua] gas 

Combustion products 
(mixture ofN2 , H 20, 
CO2 , CO, H1 , 0 2 , NO, 
OH, 0 , H, . . . ) 

Combustion products 
(mainly N2 , CO2 , H20 , 
and 0 2) 

t Liquid and vapor in the intake ; mainly vapor wilhin lbe cylinder. 
t Sometimes used to control NO,. emiss.ions (see Se~. 11.2, 15.3.2, and 15.S.t ). 
§ Within the cylinder. 

ciently accurate to assume the composition is frozen . For the compression­
ignition engine, the unburned mixture prior to injection contains no fuel; it 
consists of air and previously burned gas. 

The combustion products or burned mixture gases, during the combustion 
process and much of the expansion process, are close to thermodynamic equi­
librium. The composition of such mixtures has already been discussed (Sec. 3.7.1). 
As these combustion products cool, recombination occurs as indicated in Fig. 
3-10. Towards the end of the expansion process, the gas composition departs 
from the equilibrium composition; recombination can no longer occur fast 
enough to maintain the reacting mixture in equilibrium. During the exhaust 
process, reactions are sufficiently slow so that for calculating thermodynamic 
properties the composition can be regarded as frozen. 

The models used for predicting the thermodynamic properties of unburned 
and burned mixtures can be grouped into the five categories listed in Table 4.2. 
The first category is only useful for illustrative purposes since the specific heats of 
unburned and burned mixtures are significantly different. While the specific heats 
of the working fluids increase with increasing temperature in the range of interest, 
a constant-specific-heat model can be matched to the thermodynamic data over a 
limited temperature range. This approach provides a simple analytic model which 
can be useful when moderate accuracy of prediction will suffice. The appropri­
ateness of frozen and equilibrium assumptions has already been discussed above. 
Approximations to thermodynamic equilibrium calculations are useful because of 
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TABLE 4.l 
Categories of models for thermodynamic properties 

Unburned mixture Burned mixture 

1. Single ideal gas throughout operating cycle with c., (and 
hence cp) constant 

2. 

3. 

4. 

s. 

Ideal gas ; c.,,. constant 

Frozen mi~ture of ideal 
gases; c.iT) 

Frozen mixture of ideal 
gases; c,iT) 

Frozen mixture of ideal 
gases; c,iT) 

Ideal gas; c.,b constant 

Frozen mixture of ideal 
gases; c,.1(T) 

Approximations fitted to 
equilibrium thennodynamic 
properties 

Mixture of reacting ideal 
gases in thermodynamic 
equilibrium 

Note: Subscripts I, u, and b denote species I io the gas mixture, the unburned 
mixture, and burned mixture properties, respectively. 

the savings in computational time, relative to full equilibrium calculations, which 
can result from their use. 

Values of thermodynamic properties of unburned and burned mixtures rele­
vant to engine calculations are available from charts, tables, and algebraic 
relationships developed to match tabulated data. A seh~ction of this material is 
included in this chapter and App. D. The references indicate additiona] sources. 

4.2 UNBURNED MIXTURE 
COMPOSITION 

The mass of charge trapped in the cylinder (m,) is the inducted mass per cycle 
(m1), plus the residual mass (m,) left over from the previous cycle. The residual 
fraction (x,) is 

m, 
X =-,. m 

C 

(4.1) 

Typical residual fractions in spark-ignition engines range from 20 percent at light 
load to 7 percent at full load. In djesels, the residual fraction is smaller (a few 
percent) due to the higher compression ratio, and in nat\ltrally aspirated engines is 
approximately constant since the intake is unthrottled. lf the inducted mixture is 
fuel and air (or air only), then the burned gas fraction (xb) in the unburned 
mixture during compression equals the residua) fraction. 

In some engines, a fraction of the engine exhaust. gases is recycled to the 
intake to dilute the fresh mixture for control of NO~ emissions (see Sec. 11.2). If 
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the percent of c!x.haust gas recycled (%EGR) is defined as the percent of the total 
intake mixture which is recycled exhaust, t 

EGR(%) == ( m~7R) x 100 (4.2) 

where meoR is the mass of exhaust gas recycled, then the burned gas fraction in 
the fresh mixtu:re is 

(4.3) 

Up to about 30 percent of the exhaust can be recycled; the burned gas fraction 
during compression can, therefore, approach 30 to 40 percent. 

The composition of the burned gas fraction in the unburned mixture can be 
calculated as follows. The combustion equation for a hydrocarbon fuel of average 
molar H/C ratio y [e.g., Eq. (3.5)] can be written per mole 0 2 as 

etj>C + 2(1 - B}t/)H2 + 0 2 + I/JN2 ➔ n002C02 + nH20H 20 

+ n00CO + nH2H2 + n0 10 2 + nN2N2 (4.4) 

where 1/, = the molar N/0 ratio (3. 773 for air) 

4 
s=--

4+y 

y = the molar H/C ratio of the fuel 
</> = fuel/ air equivalence ratio 
n1 = moles of species i per mole 0 2 reactant 

The n1 are determined using the following assumptions: 

1. For lean and stoichiometric mixtures(¢ s; 1) CO and H2 can be neglected. 
2. For rich andl stoichiometric mixtures(</> ~ 1) 0 2 can be neglected. 
3. For rich mi~:tures, either (a) the water gas reaction 

t An alternative d1:finition of percent EGR is also used based on the ratio or EGR to fresh mixture 
(fuel and air): 

EGR*(%) = ( mEGR ) x 100 
mo+m, 

The two definition11 are related by 

EGR• EGR 
--= 

100 100- EGR 
and 

EGR EGR• --=----
100 100 + EGR• 
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can be assumed to be in equilibrium with the equilibrium constant K(T): 

K(T) = nH2onco 
nco2n1b 

where K(T) can be determined from a curve fit to JAJNAF table data:8 

l K( ) = 2 743 _ 1.761 x 103 
_ 1.611 x 10!6 0.2803 x 109 

n T • T T2 + T3 (4.5) 

where T is in K, or (b) K can be assumed constant over the normal engine 
operating range. A value of 3.5 is often assumed (see Sec. 4.9), which corre­
sponds to evaluating the equilibrium constant at 1740 K. 

The n, obtained from an element balance and tbte above assumptions are 
shown in Table 4.3. The value of c is obtained by solving the quadratic: 

(K - l)c2 
- c{K[2(c/> - l) + ecp] + 2(1 - ec/>)} + 2Kecf>(cf> - 1) = 0 (4.6) 

The mole fractions are given by 

- ni 
X1=-

np, 

where nb = L, n, is given in the bottom line of Table 4.3. 
While Eq. (4.4) is for a fuel containing C and H only, it can readily be 

modified for alcohols or alcohol-hydrocarbon blends. :For a fuel of molar com­
position CHY 0,., the reactant mixture 

CHYO,. + ~ (1 + ~ -i}o2 + tJ,N2) 

can be rearranged per mole of 0 2 reactant as 

Ccf>eC + 2Ccf>(l - e)H2 + 02 + ( 1 - ~OCI/IN2 (4.7a) 

TABLE 4.3 

Burned gas composition under 1700 K 

n,, moles/mole 0 2 react1nt 

Species c/>~1 c/>>lt 

CO2 Be/> ecf> - c 
H 20 2(1 - e)<f> 2(1 - eq,) + C 

co 0 C 

H2 0 2(</> - 1) - C 

02 1- </> 0 
N2 

"' "' Sum: n6 (1 -a)¢+ 1 + t/1 (2 - s)cf, + 1/1 

t c defined by Eq. (4.6). 
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where 

{= 2 
2 - ez(l - </>) 

(4.7b) 

If we write 

and (4.7c) 

the reactant expression (4.7a) becomes 

which is identical in form to the reactant expression for a hydrocarbon fuel (4.4). 
Thus Table 4.:3 can still be used to give the composition of the burned gas 
residual fractiom in the unburned mixture, except that </>* replaces <I> and t/1* 
replaces 1/t in the expressions for n1• 

Now con:sider the unburned m,xture. The number of moles of fuel per mole 
0 2 in the mi":ture depends on the molecular weight of the fuel, M 1 . [f the 
average molecu11ar formula of the fuel is (CH>')« then 

M1 = o:(12 + y) 

The fresh fuel-a.ir mixture (not yet diluted with EGR or residual}, 

then becomes 

4 M (1 + 2e)cp(CH)I)« + 0 2 + l/tN2 
I 

The unburned mixture (fuel. air, and a burned gas fraction), per mole 0 2 in 
the mixture, can be written: 

(1 - x11{~
1 

(1 + 2e)¢(CH>')11 + 02 + I/IN2] 

+ xb(nco2 + nH20 + nco + nH2 + "02 + nN) 

The number of moles of each species in the unburned mixture, per mole 0 2 , is 
summarized in Table 4.4. The mole fractions of each species are obtained by 
dividing by the total number of moles of unburned mixture nu, 

[
4(1 + 2e)¢ ] 

n., = (1 - xb) M 
1 

+ 1 + t/1 + xb nb (4.8) 

where nb is given in Table 4.3. 
The molc,cular weights of the Qow-temperature) burned and unburned 
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TABLE 4.4 
Unburned mixture composition 

Species 

Fuel 
01 
Nl 

CO2 

H 20 
co 
H, 
Sumt 

n1 , moles/mole 0 2 reactant 

cf>> l 
I 

4(1 - xbXl + 2e)t/,/ M 1 
I -xb<J, 1 - xb 

"' 1/1 xb &t/, xb(&</> - c) 
2xb(l - e)cf> xb[2{1 - eq,) + c] 
0 xbc 
0 xb[2(cf> - l) - c] 

t Given by Eq. (4.8), 

mixture can now be determined. The mass of mixture (lburned or unburned) per 
mole 0 2 in the mixture, mRP• is given by 

mRP = 32 + 4</>(1 + 2e) + 28.16~, (4.9) 

The molecular weight of the burned mixture, Mb, is thernfore 

32,---,---,,----,---,---r-----r-.....---r- -r----.----, 

31 

30 

:§,29 
~ 

128 

Mb 

;:£ 

27 

26 

0.4 0.6 0.8 1.0 1.2 1.4 
Equivalence ratio 1/1 

(4.10) 

FIGURE 4-1 
Molecular weight of unburned and low• 
temperature burned isooctanc-air 
mixtures as a function of fuel/air equiva­
lence ratio and burned gas fraction. 
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'f~SLE 4.5 
Factors for relating properties on molar and maM basis 

Qllddcy, per mole Equation for C8H 18-•lr 
02 ill tbe mlxture Genenl equadont mixtures 

Moles of burned n6 = (1 - e)cf> + 1 + 1/1, "'s; 1 nb = 0.36cp + 4.773 

,nixture "b n6 = (2 - e)cf> + IJ,, ti>> l nb = 1.36cp + 3.773 

'1w = 0.08cf> + 4.773 
Moles of unburned { 4(1 + 2e)cp ] 

{ "' ~ 1 +0.28x6 tp 

mixture"~ 
(1 - xb M 1 + 1 + r/1 + xb n& 

t/>>1 nM = 0,08cf> + 4.773 
+x6(1.28cf> - 1) 

Mass of mixturet ltlu = 32 + 4,p(l + 2e) + 28.16tJ, 138.2 + 9.124> 
(burned or unburned) 

Mass of airf 32 + 28.161J, 138.2 

t Unit&: q/krnol or lbm/lb • mol, 

i for hydrocarbon ruels, f/, ror air= J.773; ror fuels containing oxysen, 4>• and f/,• given by Eq. (4.7c:) are substi­
tuted for~ and 1/1, re11pcctively. 

The molecular weight of the unburned mixture, M.,, is 

M =mRP 
II n 

JI 

(4.11) 

Figure 4-1 gives M 14 and Mb for a range of</> and xb for air, isooctane, burned gas 
mixtures. 

Frequently, thermodynamic properties of unburned and burned mixtures 
are expressed per unit mass of air in the original mixture (for burned mixture this 
is the mixture before combustion). To obtain properties in these units, we need 
the mass of original air, per mole 0 2 in the mixture, which is 

(32 + 28.16 1/1) 

with units of kilograms per kilomole or pound-mass per pound-mole. 
Table 4.5 summarizes the factors needed to relate properties expressed on a 

molar and a mass basis. 

4.3 GAS PROPERTY 
RELATIONSHIPS 

The individual species in the unburned and burned gas mixtures can with suffi­
cient accuracy be modeled as ideal gases. Ideal gas relationships are reviewed in 
App. B. The most important relationships for property determination for engine 
calculations are summarized below. 
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Since internal energy and enthalpy are functions .-:,f temperature only, the 
specific heats at constant volume and constant pressure are given by 

and 

(au) du 
ell = oT II = dT = Cu(T) 

(
ah) dh 

c,, = ar II= dT = c,,(T) 

u - u0 = f,rc.,dT 
To 

h - hQ = f,Tc,,dT 
To 

The entropy s(T, v) or s(T, p) is given by 

s - s0 = f,T c
11 

dT + R In .E... 
To T Vo 

f,

T dT p 
s - s0 = c,, - - R In -

To T Po 

(4.12a) 

(4.12b) 

(4.13a) 

(4.13b) 

(4.14a) 

(4.14b) 

The integrals in Eqs. {4.14a, b) are functions of temperature only, and are 
useful in evaluating entropy changes and in following is1entropic processes. If we 
define 

and 

then 

iT dT 
'l'(T) = cv{T) T 

To 

iT dT 
<b(T) = c,,{T) T 

To 

s - s0 = 'I' + R ln ( :J 
s - s0 = ~ - R In (:

0
) 

(4.15a) 

(4.15b) 

(4.16a) 

(4.16b) 

Thus, for example~ the entropy change between states (T1, p1) and (T2 , p2) is 

S2 - S1 = ~2 - ~1 - R In (::) (4.17) 

For an isentropic process, 

ln (P2) = ~t - 41>1 

Pi R 
(4.18) 
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In these equations, the units of u and h can be on a per u:nit mass or molar 
basis [i.e., joules per kilogram (British thermal units per pountd-mass) or joules 
per kilomole (British thermal units per pound-mole)]; similarly, s t cu, c,,, R, '¥, 
and 4J can be in joules per kilogram-kelvin (British thermal units per pound­
mass-degree Rankine) or joules per kilomole-kelvin (British 1thermal units per 
pound-mole-degree Rankine). 

For gas mixtures, once the composition is known, mixture properties are 
determined either on a mass or molar basis from 

" .. " "'"" u = 4.J x, u, u = 4.J x, u, 

h = L x, h1 h = L X; Ii, 
s = r x,s, s = r x,s, 

and 

Cu = L x,cv,I ell= L x,cv,I 

c,, = r x, c,, .• cp = I: x, c,,., 

4.4 A SIMPLE ANALYTIC 
IDEAL GAS MODEL 

(4.19a) 

(4.19b) 

(4.19c) 

(4.20a) 

(4.20b) 

While the first category of model listed in Table 4.2 is too inaccurate for other 
than illustrative purposes, the second category-constant but different specific 
heats for the unburned and burned gas mixtures~an with careful choice of 
specific heat values be made much more precise. The advantages of a simple 
analytic model may be important for certain problems. 

Figure 4-2 shows an internal energy versus temperature plot for a stoichio­
metric mixture. It is a quantitative version of Fig. 3-5. The unburned mixture line 
is for a burned gas fraction of 0.1. The fuel is isooctane. Data to construct such 
graphs can be obtained from charts or tables or computer programs (see Secs. 4.5 
to 4.7). The units for u are kilojoules per kilogram of air in the original mixture 
(the units of the charts in Sec. 4.5). The datum is zero enthalpy for 0 2 , N 2 , H2 , 

and C (solid) at 298 K. Note that the specific heats of the unburned and burned 
mixtures (the slopes of the lines in Fig. 4-2) are a function of temperature; at high 
temperatures, the internal energy of the burned mixture is a function of tem­
perature and pressure. 

However, the temperature range of interest for the unburned mixture in an 
SI engine is 400 to 900 K (700 to 1600°R); for the burned gas mixture, the 
extreme end states are approximately 2800 K, 35 atm (5000°'R, 500 lb/in2 abs) 
and 1200 K, 2 atm (2200°R, 30 lb/in2 abs). Linear apprnximations to the 
unburned and burned mixture curves which minimize the erTor in u over the 
temperature (and pressure) ranges of interest are shown as dashed lines. The error 
in T for a given u is less than 50 K, 
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2000 4> = l.O, xb = 0.1 

1000 

- 2000 

-3000 

500 1000 1500 2000 

Temperature, K 

FIGUR.E4-2 

2500 30001 

Internal energy versus temperature plot for stoichiometric unburned and burned gas mixtures: iso­
octane fuel; unburned residual fraction 0.1. 

The basis for this ideal gas model is 

(4.21a, b) 

ub = cv,b T,, + h1 ,b hb = cp,b T,, + h1,b (4.22a, b) 

where h1 ,u and h1 ,b are the enthalpies of formation of unburned and burned gas 
mixture, respectively, at O K. 

Then, for a constant-volume adiabatic combustion process, 

or c.,,u T., + h f,u = c.,,b T,, + h f,b 

If we solve for T,, and use the relations (Rb/Ru)= (MjlWb) and cJR = 1/(y - 1), 
we obtain 

{4.23) 
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For a constant-pressure adiabatic combustion process1 

h ... = hb 

and it can similarly be shown that 

½ = Yb - 1 (Mb)( Yu T... + ~hr) 
Yb Mu Yu - 1 Ru 

(4.24) 

To use the model, suitable values of Yu , Yb, M,11 (MbJM ... ), and llh1/Ru must 
be determined. Values for Mu and Mb can be obtained from Eqs. (4.10) and 
(4.11).t Values ofy11 , Yb, and ll.h1/Ru can be obtained from graphs such as Fig. 4-2 
(see Example 4.1 below). Values for Yu, Yb , and ll.h 1/ Ru are available in the liter­
ature (e.g., Refs. 1 and 2) for a range of </> and xb. However, values used for 
computations should always be checked over the temperature range of interest, 
to ensure that the particular linear fit to u(T) used is appropriate. 

Example 4.1. Determine the values of y., , Yb , and llh 1/ R,, which correspond to the 
straight-line fits for u...(T) and ub(T) in Fig. 4-2. 

Equations for the straight lines in Fig. 4-2 are 

u., (kJjkg air)= 0.96T(K) - 700 

and ub (kJjkg air)= l.5T{K) - 4250 

From Table 4.5, for isooctane fuel with </, = 1.0 and xb = 0.1, the number of 
moles of unburned mixture per mole 0 2 in the mixture is 

r111 = 0.08 X 1 + 4.773 + 0.28 X 0.1 X 1 = 4 .881 

The mass of air per mole 0 2 in the mixture is 138.2. Thus, the number of moles of 
unburned mixture per unit mass of air in the original mixture is 

4.881 
138.2 = 0.0353 

The molar specific heat of the unburned mixture c.,.11 is therefore 

0.96 
2:11,11 = 0_0353 = 27.2 kJ/kmol • K 

Since R = 8.314 kJ/kmol • K, 

27.2 + 8.314 3 
y., = 27.2 = I. l 

The number of moles of burned mixture per mole 0 2 is {from Table 4.5) 

nb = 0.36 X 1 + 4.773 = 5.133 

t The error in ignoring the effect of dissociation on Mb is small. 
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The number of moles of burned mixture per unit mass oJi air in the original mixture 
is 

5
•
133 

=00371 
138.2 • 

The molar specific heat cu,b is therefore 

Cu.b = o.~:71 = 40.4 kJ/k.mol • K 

and 'Yb is 

= 40.4 + 8.314 = 121 
'Yb 40.4 • 

To find Ah1/R.,, Ru is given by 

R., = 8.314 x 0.0353 = 0.293 kJjkg ,air· K 

and so 

Ah1 = (-700)-(-4250) = 1.l x l'.O• K 
R., 0.293 

4.5 THERMODYNAMIC 
CHARTS 

One method of presenting thermodynamic properties oif unburned and burned 
gas mixtures for internal combustion engine calculations is on charts. Two sets of 
charts are in common use: those developed by Hottel et al. 3 and those developed 
by Newhall and Starkman.4 • 

5 Both these sets of charts use U.S. units. We have 
developed a new set of charts in SI units, following the approach of Newhall and 
Starkman. Charts are no longer used extensively for e111gine cycle calculations i 
computer models for the thermodynamic properties of working fluids have 
replaced the charts. Nonetheless, charts are useful for illlustrative purposes, and 
afford an easy and accurate method where a limited number of calculations are 
required. The charts presented below are for isooctane· fuel, and the following 
equivalence ratios: </> = 0.4, 0.6, 0.8, LO, 1.2. 

4.5.1 Unburned Mixture Charts 
The thermodynamic properties of each unburned fuel-air mixture are represented 
by two charts. The first chart is designed to relate the tnJixture temperature, pres­
sure, and volume at the beginning and at the end of the compression process; the 
second gives the mixture internal energy and enthalpy as functions of tem­
perature. 

The following assumptions are made: 

1. The compression process is reversible and adiabatic. 
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,r~BLE 4.6 
Unburned mixture composition for charts 

Equivalence KUograms of tnixture Moles of mixture Kilomole of mixture n. fl., t 
rado 4' (F/A) per kilogram of air per mole of O 2 per kUogram of air J /k1 air • K 

0.4 
0,6 
0.8 
t.0 
1.2 

0.0264 1.0264 
0.0396 1.0396 
0.0528 1.0528 
0.0661 1.0661 
0.0792 1.0792 

t For x1 = 0. Error in neglecting xb is usually small. 

2. The fuel is in the vapor phase. 

4,805 + 0.112X& 
4.821 + 0.168X& 
4,837 + 0,224X& 
4.853 + 0.280X& 
4.869 + 0.536xb 

0.0348 + 0.0008lx& 289 
0.0349 + 0.00122.x& 290 
0.0350 + 0.00162x6 291 
0.0351 + 0.Q0203xb 292 
0.0352 + 0.Q0388Xb 292 

3, The mixture composition is homogeneous and frozen (no reactions between 
the fuel and air). 

4, Each species in the mixture can be modeled as an ideal gas. 
5. The burned gas fraction is zero.t 

It proves convenient to assign zero internal energy or enthalpy to the 
unburned mixture at 298.15 K. Internal energy and enthalpies relative to this 
datum are called sensible internal energy u, or sensible enthalpy h,. By sensible we 
mean changes in u or h which result from changes in temperature alone, and we 
exclude changes due to chemical reaction or phase change. 

Table 4.6 provides the basic composition data for the unburned mixture 
charts. Equations (4.13a, b) provide the basis for obtaining the u11,u(T) and h,,iT) 
curves shown in Fig. 4-3. 

Equations (4.15) and (4.16) provide the basis for following a reversible adia­
batic (i.e., isentropic) compression process. Between end states 1 and 2, we obtain, 
per kilogram of air in the mixture, 

'¥(T2) = 'l'(T1) - nu R In(~:) 
«l>(T2) = '1>(T1) + nu fi. In (::) 

(4.25a) 

(4.25b) 

where nu is the number of moles of unburned mixture per kilogram of air. Values 

t This assumption introduces negligible error into calculations of the compression process for mix­
tures with normal burned gas fractions, since the major constituent of the residual is N 2 . The burned 
81\s fraction must, however, be included when the unburned mixture properties are related to burned 
mixture properties in a combustion process. 
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I) 

Unburned mixture properties 
Fuel: Isoocume, C8R18 

80()1----+----+----+---+---
hs 

~ 4001---+---t-----+-: 

J 

o-----------+---+----+-----'----+---i--------4,....----' 
300 400 500 600 700 800 900 1000 tlOO .1200 1300 

Temperature, K 

FIGURE 4-3 
Sensible enthalpy and internal energy of unburned isooctane-air mixtures as function of temperature. 
Units: kJ/kg air in mixture. 

of n .. and nu R are given in Table 4.6. '1'(1j and cJ)(T) are given in Fig. 4-4. Note 
that v, p, and T are related by 

p(Pa)v(m3 /kg air) = n)l(Jfkg air· K)T(K) (4.26) 

Example 4.2. The compression process in an intema] combustion engine can be 
modeled approximately as adiabatic and reversible (i.e., as an isentropic process). A 
spark-ignition engine with a compression ratio of 8 operates with a stochiometric 
fuel vapor- air mixture which is at 350 K and 1 atm at the start of the compression 
stroke. Find the temperature, pressure, and volume per unit mass of air at the end of 
the compression stroke. Calculate the compression stroke work. 

Given T1 = 350 K at the start of compression, find T2 at the end of compres­
sion using the isentropic compression chart, Fig. 4-4, and Eq. (4.25a). For T1 = 350 
K, 'I' 1 = 150 Jfkg air· K. From Eq. (4.25a), 

'l'iT2 ) = 'l' 1 (T1)- n,.ff. ln (::) = 150 - 292 Jn (i) = 757 J/kg air· K 

Page 146 of 966



~ 
... ·a 
Oil 
~ .., 
~ .. .,. 
..._, 
.S! 
uir: . 
,: 

I 
II 

h' 
➔ 
-0 

~ 
'o' 
~ 
-5 
.5 
~ 
l 
II 

i:-
e 

1400 

1200 

1000 

800 

600 

400 

200 

PROPERTIES OF WORK.ING FLUIDS 11S 

Figure 4-4 then gives 

and 

T2 = 682 K 

The ideal gas law [Eq. (4.26)] gives 

292 X 350 3 • 

V1 = 1 X 1.013 X 105 = 1.0 m /kg air 

P2 = P1(T2)(V1) = 682 X 8 = 15.5 attn 
T1 V2 350 

v2 = \ 0 = 0.125 m3/kg air 

Note that p2 can also be obtained from Fig, 4-4 and Eq. (4.25b): 

In (p2) = cl>2 - <1> 1 = 980 - 180 = 2_74 
P1 nuR 292 

p2 = 15.5 atm = 1.57 MPa 

The compression stroke work, assuming the process is adiabatic and using the 
data in Fig. 4-3, is 

-Wi- 2 = u.(T2)- uiT1) = 350 -40 = 310 kJ/kg air 

Jsentropic compression chart 
for unburned mixture 

Fuel: lsooctane, CsH1s 

0 1<---_.__-~--'----'------'--_.___...,__ _ _,_ _ _,_ _ __,__ _ __, __ j__ _ _L__~ 

300 400 500 600 700 800 900 1000 

Temperature, K 

FIGURE4-4 
Isentropic compression functions, $ and 'I', as function of temperature for unburned isooctane-air 
mixtures. Units: J/kg air· K. 
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4.5.2 Burned Mixture Charts 

The primary burned mixture c:harts are for the products of combustion at high 
temperatures, i.e., for the working fluid during the expansion process. The follow­
ing assumptions are made: 

1. Each species in the mixture can be modeled as an ideal gas. 
2. The mixture is in thermody1r1amic equilibrium at temperatures above 1700 K; 

the mixture composition is frozen below 1700 K. 
3. Datum. At the datum state o,f 298.15 K (25°C or 77°F) and 1 atm the chemical 

elements in their naturally 01ccurring form (N 2 1 0 2 , H2 as diatomic gases and 
C as solid graphite) are assig:ned zero enthalpy and entropy. 

The charts were prepared with the NASA equilibrium program described in 
Sec. 3.7.9

•10 The C/H/O/N ratio of the mixture is specified for each chart. The 
extensive properties (internal e111ergy, enthalpy, entropy, and specific volume) are 
all expressed per unit mass of c11ir in the original mixture; i.e., they correspond to 
the combustion of I kg Qf air with the appropriate mass of fuel. The mass basis 
for the unburned aq~ b'urned m1ixture charts are the same. 

Figures 4-5 to 4-9 are property charts for the high-temperature burned gas; 
each is a plot of internal energy versus entropy for a particular fuel and equiva­
lence ratio. Lines of constant temperature, pressure, and specific volume are 
drawn on each chart. An illustration of the use of these charts follows. 

Example 4.3. The expansio1n process in an internal combustion engine, foil owing 
completion of combustion, can be modeled approximately as an adiabatic and 
reversible process (i.e., isentropic). Under full-load operation, the pressure in the 
cylinder of a spark-ignition engine at top-center immediately following combustion 
is 7100 kPa. Find the gas staLte at the end of the expansion stroke and the expansion 
stroke work. The compression ratio is 8, the mixture is stoichiometric, and the 
volume per unit mass of air ut the start of expansion is 0.125 m3 /kg air. 

Locate p1 = 7100 kPa and v1 = 0.125 m3 /kg air on the <J, = 1.0 burned gas 
chart (Fig. 4-8). This gives Ti= 2825 K, u1 = -5 kJjkg air, and s1 = 9.33 kJ/kg 
air• K. The gas expands at constant entropy to v2 = 8 x v1 = l m3/kg air. Follow­
ing a constant entropy process from state 1 on Fig. 4-8 gives 

Tl= 1840 K, p2 = 570 kPa, and u2 = - 1540 kJ/kg air 

The expansion stroke work, assuming the process is adiabatic, is 

W, -i = -i(u2 - u1) = 1540 - 5 = 1535 kJ/kg air 

As the burned gases in an engine cylinder cool during the expansion 
process, the composition eventually "freezes "-becomes fixed in composition­
because the chemical reactions become extremely slow. This is usually assumed 
to occur at about 1700 K (see Sec. 4.9). The equilibrium assumption is then no 
longer valid. For lean and stoichiometric mixtures this distinction is not impor­
tant because the mole fractions: of dissociated species below this temperature are 
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FIGURE 4-5 
Iotemal energy versus entropy chart for equilibrium burned gas mixture, isooctane fuel; equivalence ratio 0.4. 
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Sensible enthalpy and internal energy of low-temperature bume<ll gases as function of temperature, 
isooctane fuel. Units : kl/kg air in original mixture. 

TABLE 4.7 
Frozen burned gas composition: C8H 18-air combustion 

tf, CO2 H 20 co H2 0 2 N :2 Sum Units 

0.4 0.0521 0.0586 0.122 Qi.767 1.000 mole fractions 

1.85 2.08 4.34 27.3 35.6 mol/kg airi 

0.6 0.0770 0.0866 0.0802 01.756 1.000 mole fractions 

2.78 3.13 2.89 27'.3 36.1 moljkg airi 

0.8 0.101 0.113 0.0395 01.746 1.000 mole fractions 

3.70 4.14 1.45 271.3 36.6 mol/kg airi 
LO 0.125 0.140 01.735 1.000 mole fractions 

4.64 5.2 27'.3 37.l moljkg airi 

L2t 0.0905 0.138 0.0516 0.0224 Ol.698 1.000 mole fractions 
3.54 5.38 2.02 0.876 27'.3 39.1 moljkg airi 

t K(T} in Eq. (4.6) evaluated at 1740 K ; K = 3.5. 
t Note molfkg air ; multiply by 10-3 ror kmol/kg air. 
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mall. For rich mixtures, a frozen composition must be selected and used because 
~e mole fractions of CO2 , CO, H2 0, and H 2 would continue to change if equi­
)ibriutn is a~sumed as the temperature decreases. Internal energy and enthalpy, 
per kilogram of air in the original mixture, of the frozen burned mixture are 
plotted against temperature in Fig. 4-10. The assumed frozen burned mixture 
compositions are listed in Table 4.7. These are sensible internal energies and 
enthalpies, given relative to their values at 298.15 K. 

4.5.3 Relation between Unburned 
and Burned Mixture Charts 

We now address the questions; Given unburned mixture at Ti, p11 Vi, what is the 
state of the burned mixture following (1) constant-volume adiabatic combustion 
or (2) constant-pressure adiabatic combustion? 

The datum for internal energy and enthalpy for the unburned mixture fo 
Fig. 4-3 js different from the datum for internal energy and enthalpy for the 
burned mixture. For the unburned mixture, zero internal energy and enthalpy for 
the mixture at 298.15 K was assumed. For the burned mixture, zero enthalpy for 
the gaseous species 0 2 , N2 , and H2 , and C (solid graphite) at 298.15 K was 
assumed. These data can be related through the enthalpies of formation, from 
0 2 , N 2 , H2 , and C, of each species in the unburned mixture. 

If Ah'}., is the enthalpy of formation of species i at 298.15 K, per kilomole, 
and Lih'},u js the enthalpy of formation of the unburned mixture at 298.15 K, per 
kilogram of air in the original mixture, then 

(4.27) 

where n1 is the number of kilomoles of species i per kilogram of air. The 
unburned mixture enthalpy h,0 with the same datum as the burned mixture enth­
alpy, is therefore given by the sum of the sensible enthalpy hs,u and Ah1,u: 

hu = h~.u + fih f ,u 

Similarly, the internal energy u .. is given by 

t1u1,u can be obtained from 

&uf,u = L n1 L\uf,I 
i 

Alternately, Eq. (3.18) can be used to obtain &u1,1Jrom &h1, .. : 

L\u1 ... = Lih1 ... - (np - niJRT 

(4.28) 

(4.29) 

(4.30) 

(4.31) 

Enthalpies and internal energies of formation of the relevant burned gas 
species and individual fuel compounds are given in Table 4.8 and App. D. Values 
of ,ii are obtained from Tables 4.4 and 4.7. Following the procedure used in 
Example 4.4 below, expressions for &h1,., and Liu1,., in kilojoules per kilogram of 
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TABLE 4.8 

Standard enthalpies and internal energies of 
formationt 

CO2 

H 20 (gas) 
co 
CsH18 (gas) 

A.h'},11 MJ/kmol 

- 393.5 
- 241.8 
- 110.5 
- 224.l 

A.u'}.1, MJ/kmol 

- 393.5 
- 240.6 
- 111.7 
- 204.3 

t At 298.15 K. Mi•;,, for 0 2 , N1 , and H2 arc zero by defini­
tion. 
Sources: J ANAF tables, 8 Rossini et 1.11. 16 

air can be obtained. For the charts of Figs. 4-3 and 4-5 to 4-9, these expressions 
are: 

c/> = 0.4 : 

'1h10 = ,u -51.9 - 1181Xb Au10 = 
·" - 47.3 - 1183xb 

</> = 0.6 : 

Ah10 = 
·" 

- 77.8 - l 771xb A O -uf -,u - 70.9 - 1774Xb 

</J = 0.8 : 

Ah1,u = -103.8 - 2361xb Au/,u = - 94.6 - 2365xb (4.32) 

"'= 1.0: 

Ahf,u = -129.7 - 295lxb liuf,u = -118.2 - 2956xb 

</J = 1.2: 

Ahf,u = -155.6 - 2759xb Au1,,. = -141.9 - 2769xb 

Example 4.4. Calculate ti.li1,.,, the enthalpy of formation of the unburned mixture, 
and Au1.u, the internal energy of formation of the unburned mixture, for a 
C8H 18-air mixture with <J, = 1.0 and burned gas fraction xb. 

Table 4.4 gives the moles of each species in the unburned mixture, per mole 
0 2 with <J, = 1.0, as 

CO2 , 0.64xb 

H20, o,nxb 

CO and H2 , 0 

Table 4.5 gives the mass of air per mole 0 2 as 138.2 kg/kmol. Thus the number of 
kilomoles of each species per kilogram of air is 

C8H18 , 5.787 x 10- 4 (1 - xb) 

02, 7.233 X 10-J (1 - Xb) 

N2 , 2.729 X 10- 2 

CO2 , 4.629 x 10- 3xb 

H 20, 5.208 x 10- 3xb 

CO and H2 , 0 
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With an1.,; from Table 4.8, Eq. (4.27) gives 

~hj,11 = 5i.787 x 10- 4 x (-224.1 x 106 )(1 - x,,) 

+xb[4.629 X 10- 3 X (-393.5 X 106)+5.208 X 10- 3 X (-241.8 X 106)] 

Jfkg air 

With Au1,1 from Table 4.8, Eq. (4.30) gives 

A14j ,., = 5.'.787 x 10-4 x (-204.3 x 106)(1 - x,,) 

+ X11[4.629 X 10-3 X (-393.5 X 106) + 5.208 X 10- 3 X (-240.6 X 106)] 

Jfkg air 

Alternativ«~ly, we can determine Au1,11 from t\hj ,11 using Eq. (4.31). For this calcu­
lation, the "product" gas is the unburned mixture and the "reactant" gas is the 
mixture of elements from which the unburned mixture is formed. The number of 
gaseous moles in the unburned mixture np, per mole 0 2 in the original mixture, is 
(from Table 4.5 for <I> ~ 1) 

np = (1 - x11{ 4(1 + 2e) i 
1 

+ 1 + v,] + x,,[(1 - e)</> + 1 + v,] 

The elemeintal reactant mixture from which the unburned mixture is formed is, from 
Eq. (4.4), 

Thus, nR, the moles of gaseous elements, is 

nR = 2(1 - e)</> + 1 + 1/1 

For air, t/1 = 3.773; for C8 H18 fuel, e = 0.64 and M1 = 114. For</>= 1, 

and 

or 

Since 

np - n.R ... - 0.64 + 0.28xr, moles/mole 0 2 

298.15 
(np - n,JlfT = ( - 0.64 + 0.28x1,) x 8.3143 x 103 x 138.2 

Jfkg air 

.:1u1.11 = .:1h1.11 - (n, - nR)RT 

Au1,., = (-129.7 - 2951x11) X 103 - (-11.5 + 5.0x11) X 103 

Jfkg air 

The combustion process links the unburned and burned mixture properties 
as follows: 

For an adliabatic constant-volume combustion process, 

(4.33) 

and 
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Thus, given ""·" and v11 , the state of the burned mixture can be determined from 
the appropriate burned mixture chart. 

For an adiabatic constant.pressure combustion process, 

(4.34) 

Since 

ub = hb - pvb 

given hs,u and p, ub and vb must be found by trial and error along the specified 
constant-pressure line on the appropriate burned mixture chart, 

Example 4.S. Calculate the temperature and pressure after constant.volume adia• 
batic combustion and constant•pressure adiabatic combustion of the unburned 
mixture (with <f, = 1.0 and xb = 0.08) at the state corresponding to the end of the 
compression process examined in Example 4.2. 

The state of the unburned mixture at the end of the compression process in 
Example 4.2 was 

T,. = 682 K, Usu = 350 kJ/kg air, 
I 

p11 = 1.57 MPa, v., = 0.125 m3/kg air 

For an adiabatic consta,it-vofume combustion process [Eq. (4.33)], 

For ef, = 1.0, ~u1,., is given by Eq. (4.32) as 

fiur ... = - 118.2 - 2956xb = -118.2 - 236,5 = -355 kJ/kg air 

Hence 

ub = 350 - 355 = -5 kJ/kg air 

Also 

vb= v., = 0.125 m 3/Jcg air 

Locating (ub, vb) on the burned gas chart (Fig. 4-8) gives 

T,, = 2825 K, Pb= 1100 kPa 

For a co,istant-pressure combustion process [Eq. (4.34)), 

h,, = h., = hs,u + Ahr,u 

For <I> = 1.0, &h1,., is given by Eq. (4.32) as 

tih1,u = -129.7 -295lx,, = -129.7 - 236 = - 366 kJfkg air 

At T,. = 682 K, hs.u = 465 kJ/kg air, so 

h,, = 465 - 366 = 99 kJ/kg air 

Since Pb = p., = 1.57 MPa, the jnternal energy u,, is given by 

kJfkg air 
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A trial-and-error solution for vb and ub along the p = 1570 kPa line on Fig. 4-8 gives 

ub = -655 kJ/kg air, 7'& = 2440 K, vb= 0.485 1n 3/kg air 

(Use the ideal gas law to estimate p, T, or v more accurately.) 

4.6 TABLES OF PROPERTIES 
AND COMPOSITION 

Tables of thermodynamic properties of air are useful for amnlysis of motored 
engine operation, diesels and compressors. Keenan, Chao, and Kaye's Gas 
Tables6 are the standard reference for the thermodynamic prope:rties of air at low 
pressures (i.e., at pressures substantially below the critical pressuire when the ideal 
gas law is accurate). These gas tables are in U.S. and SI units. A set of tables for 
air in SI units has been prepared by Reynolds 7 following tlb.e format of the 
Keenan et al. tables. A condensed table of thermodynamic ]properties of air, 
derived from Reynolds, is given in App. D. It contains: 

h = enthalpy, kJ/kg 
u = internal energy, kJ/kg 

'I'= f.T(;) dT, kJ/kg • K 

lt = f.T(¥) dT, kJ/kg·K 

Pr = relative pressure 
vr = relative volume 
cP = specific heat at constant pressure, kJ/kg • K 
c11 = specific heat at constant volume, kJ/kg • K 
y = ratio of specific heats 

all as a function of T(K). 
<IJ is the standard state entropy at temperature T and 1 atm pressure, rela­

tive to the entropy at O K and 1 atm pressure. The entropy alt pressures other 
than 1 atm is obtained using Eq. (4.14b). 

The relative pressure p, is defined by 

(I) 
ln P, = R (4.35) 

and is a function of T only. Along a given isentropic, it follows from Eq. (4.18) 
that the ratio of actual pressures p2 and p1 corresponding to temperatures T2 and 
T1 is equal to the ratio of relative pressures, i.e., 

( P2) (P,2) 
P1 s = const = Pr1 

(4.36) 

This affords a means of determining T2, for an iseotropic proc:ess, given T1 and 
P2IP1 (see Example 4.6). 
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The relative volume vr is defined by 

RT 
V =-

r Pr 
(4.37) 

The units are selected so that vr is in cubic meters per kilogram when T is in 
kelvins and p, is in pascals. Along a given isentropic, the ratio of actual volumes 
JI; and Vi (for a fixed mass) at temperatures T2 and T1, from Eq. (4.37), is equal to 
the ratio of relative volumes 

(4.38) 

This affords a means of determining T2 for an isentropic process, given T1 and 
V2/Vi (see Example 4.6). 

Tables giving the composition and thermodynamic properties of com­
bustion products have been compiled. They are useful sources of property and 
species concentrations data in burned gas mixtures for a range of equivalence 
ratios, temperatures, and pressures. Summary information on four generally 
available sets of tables is given in Table 4.9. The most extensive set of tables of 
combustion product composition and thermodynamic properties is the AGARD 
set, Properties of Air and Combustion Products with Kerosene and Hydrogen 
Fuels, by Banes et al. 12 Note, however, that their enthalpy datum differs from the 
usual datum (enthalpy for 0 2 , N2 , H2 , and C is zero at 298.15 K). The elements 
in their reference state at 298.15 K were assigned arbitrary positive values for 
enthalpy to avoid negative enthalpies for the equilibrium burned gas mixture. 

Example 4.6. In a diesel engine, the air conditions at the start of compression are 
p 1 = 1 atm and T1 = 325 K. At the end of compression p2 = 60 atm. Find the tem­
perature T2 and the compression ratio Vi/V2 • 

Air tables (see App. D), at T1 = 325 K, give 

p,1 = 97.13 and v, 1 = 960.6 

Use Eq. (4.36), 

fu =P2 = 60 
Pr1 Pi 

to give 

p,1 = 5828 

Tables then give 

and V,1 = 48,92 

The compression ratio is given by 

Vi = v, 1 = 960.6 = 19_6 
V2 v,2 48.92 

Page 160 of 966



TABLE 4.9 

Tables of properties of air and combostioo products 

Properties P, 
Source composition C Mixture Units </> range T range p nnge Enthalpy datum 

Keenan, Chao, and Kaye6 p Air U.S.,SI 100-3600 K Low h = Oat OK 
(CH 2)R•air 0.25, 0.5, 1.0 100-2000 K Low iib = 0 at OK 

Reynolds7 p Air SI 200-1500 K Low 
General Electric11 P and C Air--(CH2)n U.S. 0.25---4 600-5000°R 0.01-30 atm h ofC, H 2 , N 2 , 0 2 

zero at 0°R 
AGARD12 Pand C Air SJ 100----6000 K 1-800 atm Arbitrary, to 

(CH2)R -air 0.2-2 keep hb> 0 
H2-air 0.2-2 

... 
~ 
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4.7 COMPUTER ROUTINES 
FOR PROPERTY AND 
COMPOSmON CALCULATIONS 

When large numbers of computations are being malde or high accuracy is 
required, engine process calculations are carried out o,n a computer. Relation­
ships which model the composition and/or thermodynamic properties of 
unburned and burned gas mixtures have been developed for computer use. These 
vary considerably in range of application and accuracy. 

The most complete models are based on polynomfal curve fits to the ther­
modynamic data for each species in the mixture and the assumptions that (1) the 
unburned mixture is frozen in composition and (2) the burned mixture is in equi­
librium. The approach used as the basis for representing JANAF table thermody­
namic data8 in the NASA equilibrium program9·rn (see Sec. 3.7) will be 
summarized here because it is consistent with the approach used throughout to 
calculate unburned and burned mixture properties. 

For each species i in its standard state at tempe:rature T(K), the specific 
heat <\,,i is approximated by 

(4.39) 

The standard state enthalpy of species i is then given by 

ii, - a,2 T a,3 r2 a,. T3 a,i T4 a,6 (4.40) 
RT - a11 + 2 + 3 + 4 + 5 + T 

The standard state entropy of species i at temperature 'f(K) and pressure 1 atm, 
from Eq. (4.14), is then 

(4.41) 

Values of the coefficients a/J for CO
2

, H
2

O, CO, H
2

, 0
2

, N
2

, OH, NO, 0 , and 
H from the NASA program are given in Table 4.10. Two temperature ranges are 
given. The 300 to 1000 K range is appropriate for unburned mixture property 
calculations. The 1000 to 5000 K range is appropriate for burned mixture pro­
perty calculations. Figure 4-11 gives values of cp/R for the major species, CO2 t 

H2O, 0 2 , N 2 , H2 , and CO, as a function of temperaturn. 

4.7.1 Unburned Mixtures 

Polynomial functions for various fuels (in the vapor pha:se) have been fitted to the 
functional form :13- 15 

~ A 2 3 Ars cp.r=A11+A12 t + 13t +A14-l + tz (4.42) 
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TABLE 4.10 

Coefficients for species thermodynamic properties 

Species T range, K all a12 

CO 2 1000-5000 0.44608( + 1) 0.30982( - 2) 
300-1000 0.24008( + 1) 0.87351(-2) 

H 20 1000-5000 0.27168( + 1) 0.29451( - 2) 
300-1000 0.40701( + 1) - 0.1 1084( - 2) 

co 1000-5000 0.29841( + 1) 0.14891( - 2) 
300-1000 0.37101( + 1) - 0.16191(-2) 

H2 1000-5000 0.31002( + 1) 0.51119(-3) 
300-1000 0.30S74( + 1) 0.26765(-2) 

Ol 1000-5000 0.36220( + 1) 0.73618(-3) 
300-1000 0.36256( + 1) - 0.18782( - 2) 

N2 1000-5000 0.28963( + 1) 0.15155( - 2) 
300-1000 0.36748( + 1) - 0.12082(-2) 

OH 1000-5000 0.29106( + t) 0.95932( - 3) 

NO 1000-5000 0.31890( + 1) 0.13382( - 2) 

0 1000-5000 0.25421( + 1) -0.27551(-4) 

H 1000-5000 0.25( + 1) 0.0 

Source: NASA Equilibrium Code. 9 

a,, au aiS a16 an 

-0.12393(-5) 0.22741(-9) -0.15526(-13) -0.48961( + 5) - 0.98636(0) 
- 0.66071( -5) 0.20022( - 8) 0.63274( -15) -0.48378( + 5) 0.96951( + 1) 

-0.80224(-6) 0,10227(- 9) -0.48472(-14) -0.29906( + 5) 0.66306( + 1) 
0.41521(-5) -0.29637(- 8) 0.80702( - 12) - 0.30280( + 5) -0.32270(0) 

- 0.57900( - 6) 0.10365( - 9) - 0.69354( - 14) - 0.14245( +5) 0.63479( + l) 
0.36924( -5) -0.20320( - 8) 0.23953( -12) -0.14356( + 5) 0.29555( + 1) 

0.52644( - 7) -0.34910(-10) 0.36945( - 14) -0.87738( + 3) - 0.19629( + 1) 
-0.58099(-5) 0.55210(-8) -0.18123(-11) -0.98890( + 3) -0.22997( + 1) 

-0.19652(-6) 0.36202( -10) -0.28946(-14) -0.12020( +4) 0.36151( + 1) 
0.70555( - 5) - 0.67635(- 8) 0.21556( - 11) - 0.10475( +4) 0.43053( + 1) 

-0.57235(-6) 0.99807( -10) - 0.65224(-14) -0.90586( +3) 0.61615( + 1) 
0.23240( - 5) -0.63218(-9) -0.22577(-12) -0.10612( +4) 0.23580( + 1) 

- 0.19442( - 6) 0.13757(-10) 0.14225(-15) 0.39354( + 4) 0.54423( + 1) 

-0.52899(-6) 0.95919(-10) -0.64848(-14) 0.98283( +4) 0.67458( + 1) 

-0.31028(-8) 0.45511(-11) - 0.43681(-15) 0.29231( + 5) 0.49203( + 1) 

0.0 0.0 0.0 0.25472( + 5) -0.46012(0) 
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FIGURft 4-11 
Specific heat at constant pressure, 
c.JR, as function of temperature for 

3000 species CO
2

, H
2

0 , Oz_, N
2

, Hz, and 
CO. (From JAN AF tables.8

) 

where t = T(K)/1000. A16 is the constant for the datum of zero enthalpy for C, 
H2 , 0

2

, and N 2 at 298.15 K. For a OK datum, A
18 

is added to A
16

. For pure 
hydrocarbon compounds, the coefficients A Ji were found by fitting Eqs. (4.42) 
and (4.43) to data from Rossini et al. 16 Values for releva1nt pure fuels are given in 
Table 4.11. The units for c p.J are cal/gmol • K, and for h I are kcal/gmol. 

Multicomponent fuel coefficients were determined as follows. 14 Chemical 
analysis of the fuel was performed to obtain the H/C ratio, average molecular 
weight, heating value, and the weight percent of aromatics, olefins, and total 
paraffins (including cycloparaffins). The fuel was then modeled as composed of a 
representative aromatic, olefin, and paraffin hydrocarb4:>n. From atomic conser­
vation of hydrogen and carbon and the chemical analysis results, component 
molar fractions and average carbon numbers can be det,ermined. Table 4.11 gives 
values for the coefficients A 11 to A 18 for typical petroleum-based fuels. The units 
of the coefficients give cp,1 and li1 in ca)/gmol • K and kcaljgmol, respectively, 
with t = T(K)/1000. 
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TABLE 4.11 

Coefficients for polynomials (F,qs. (4.42) aod (4.43)) for fuel enthalpy and specific heat 

Moleadar 
Fuel Formula weight (A/F). (Ff A), A11 An A13 A14 A15 A16 A1s 

Methane CH, 16.04 17.23 0.0580 -0.29149 26.327 -10.610 1.5656 0.16573 -18.331 4.3000 

Propane C3H1;1 44.10 15.67 0.0638 -J.4867 74.339 - 39.065 8.0543 0.01219 -27.313 8.852 

Hexane C6H1, 86.18 15.24 0.0656 -20.777 210.48 -164.125 52.832 0.56635 -39.836 15.611 

Isooctane CsBu 114.2 15.14 0.0661 -0.55313 181.62 -97.787 20.402 -0.03095 - 60.751 20.232 

Methanol CH30H 32.04 6.47 0.1546 -2.7059 44.168 - 27.501 7.2193 0.20299 -48.288 5.3375 

Ethanol C2HsOH 46.07 9.00 0.1111 6.990 39.741 -11.926 0 0 -60.214 7.6135 

Gasoline Cs.26Hu.~ 114.8 14.64 0.0683 -24.078 256.63 - 201.68 64.750 0.5808 -27.562 17.792 
C1. 16H13.l 106.4 14.37 0.0696 -22.501 227.99 - 177.26 56.048 0.4845 - 17.578 15.235 

Diesel C10.eH1e.7 148.6 14.4 0.0694 -9.1063 246.97 -143.74 3-2.329 0.0518 - 50.128 23.514 

Units of A II such that li1 is in kcaJ/gmol and c9.f is in cal/gmol • K with t =• T(K)/1000. 
A16 gives enthalpy datum at 298.15 K; (A16 + A1Jgives enthalpy datum at OK. 

-~ 
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FIGllRE4-12 
Specific heat at constant pressure of 
unburned gasoline, air, burned gas 
mixtures as function of temperature, 
equiva lence ratio, and burned gas 
fraction. Units: kJ/kg mixture · K. 

FIGURE 4-13 
Ratio of specific heats, Y. := cp,.lcv,•, 
of unburned gasoline, air, burned 
gas mixtures as function of tem­
peratlLlte, equivalence ratio, and 
burnf:d gas fraction. 

Page 166 of 966



PROPERTIES OF WORK.ING FLUIDS 135 

The thermodynamic properties of the unburned mixture can now be 
btained. With the moles of each species per mole 0 2 , n1, determined from Table 

~ 4 and the mmss of mixture per mole 0 2 , mRP, determined from Table 4.5, the 
u~burned mixture properties are given by 

l -
C =-"n•C • p,u In i.J I p,l 

RP i 
(4.44a) 

(4.44b) 

(4.44c) 

where p is in atmospheres. 
Figures 4·•12 and 4-13, obtained with the above relations, show how cp,u 

and Yi= cP,,Jc1,,1) vary with temperature, equivalence ratio, and burned gas frac­
tion, for a gasoline-air mixture. 

4.7.2 Burned Mixtures 

The most accurate approach for burned mixture property and composition cal­
culations is to use a thermodynamic equilibrium program at temperatures above 
about 1700 K and a frozen composition below 1700 K. The properties of each 
species at high and low temperatures are given by polynomial functions such as 
Eqs. (4.39) to (4.41) and their coefficients in Table 4.10. The NASA equilibrium 
program (see Sec. 3. 7) is readily available for this purpose and is well docu­
mented. 9 • 10 The following are examples of its output. 

Figure 3-1.0 showed species concentration data for burned gases as a func­
tion of equivalence ratio at 1750, 2250, and 2750 K, at 30 atm. Figure 4-14 shows 
the burned gas molecular weight Mb, and Figs. 4-15 and 4-16 give cp.b and 'Yb as 
functions of eqnivalence ratio at 1750, 2250, and 2750 K, at 30 atm. Figures 4-17 
and 4-18 show cp,b and 'Yti as a function of temperature and pressure for selected 
equivalence ratfos for mixtures lean and rich of stoichiometric.17 For rich mix­
tures (¢ > 1), for T > 2000 K, cp,b and 'Yb are equilibrium values. For 1200 
K ~ T ~ 2000 K, "frozen., composition data are shown where the gas composi­
tion is in equilibrium at the given T and p but is frozen as cP and cu are com­
puted. Below about 1500 K, fixed composition data are shown corresponding to 
a value of 3.5 for the water-gas equilibrium constant which adequately describes 
exhaust gases (see Sec. 4.9). 

Because the computational time involved in repeated use of a full equi­
librium program can be substantial, simpler equilibrium programs and approx­
imate fits to the equilibrium thermodynamic data have been developed. The 
approach usual1ly used is to estimate the composition and/or properties of undis­
sociated combustion products and then to use iterative procedures or corrections 
to account for the effects of dissociation. 
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FIGURl!:4-14 
Molecul1u weight of equilibrium 
burned gases as a function of equiv­
alence ratio at T = 1150, 2250, and 
2750 K, ,and 30 atm. Fuel: isooctane. 

FIGURJE 4-15 
Specific heat at constant pressure of 
equilibrium burned gases as a function 
of equivalence ratio at T = 1750, 2250, 
and 2750 K, and 30 atm. Fuel: iso­
octane. Units: kJfkg mixture· K. 
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FIGURE4-16 
Ratio of specific heats, Yb = cp,b/ c.,b, for 
equilibrium burned gases as a function 
of equivalence ratio at T = 1750, 2250, 

t .4 and 2750 K, and 30 aim. Fuel: iso­
octane. 

A computer program for calculating properties of equilibrium combustion 
products, designed specifically for use in internal combustion engine applications, 
has been developed by Olikara and Borman and is readily available.18 The fuel 
composition (C"HmO,Nk), fuel/air equivalence ratio, and product pressure and 
temperature are specified. The species included in the product mixture are: CO2 , 

H20, CO, H2 , 0 2 , N 2 , Ar, NO, OH, 0 , H,' and N. The element balance equa­
tions and equilibrium constants for seven nonredundant reactions provide the set 
of 11 equations required for solution of these species concentrations (see Sec. 3.7). 
The equilibrium constants are curve fitted from data in the JANAF tables.8 The 
initial estimate of mole fractions to start the iteration procedure is the non­
dissociated composition. Once the mixture composition is determined, the ther­
modynamic properties and their derivatives with respect to temperature, 
pressure, and equivalence ratio are computed. This limited set of species has been 
found to be sufficiently accurate for engine burned gas calculations, and is much 
more rapid than the extensive NASA equilibrium program.9 • 

10 

Several techniques for estimating the thermodynamic properties of high­
temperature burned gases for engine applications have been developed, One com­
monly used approach is that developed by Krieger and Borman. 19 The internal 
energy and gas constant of undissociated combustion products were first 
described by polynomials in gas temperature. The second step was to limit the 
range of T and p to values found in internal combustion engines. Then the devi­
ations between the equilibrium thermodynamic property data published by 
Newhall and Starkman4 • ' and the calculated nondissociated values were fitted 

Page 169 of 966



138 INTERNAL COMBUSTION ENGINE FUNDAMENTALS 

:>I! . 
~ ..... 

.... 
..,rt 

5000 

4000 

3000 

2000 

1000 

0.0 

500 

5000 

p, atm 

,I,. - 1 o{------- lo "' - • -·-·-·-·-·- ,oo 

0.5 { =---=== 18 
1 0 

0.0{-----!80 

"'= 1.0 0.5 
0.0 ~-=---

1000 1500 2000 
Temperature, K 

(u) 

p, atm 

2500 

4000 .P = 1.2( ------ - lo 
-----·--·- 100 

!It 3000 . 
till 
~ .., 

.... 2000 .., ... 

1000 

0.0 

500 

FIGURE4-17 

u( ==-=~ 180 
2.0( ----10 

--·-- 100 

Froz:en 
</> = 2.0, 

1.5 
1.2 

Fixed composition 

1000 1500 2000 

Temperature, K 

(b) 

Equilibrium 

2500 3000 

3500 

3500 

Specific heat at constant pressure for equilibrium, frozen, and fixed composition burned gases as a 
function of temperature and pressure: (a) equivalence ratio <I> 5; 1.0; (b) equivalence ratio <J, > 1. 

Units: Jfkg mixture· K. Fuel: CnH2". 

by an exponential function of T, p, and <J,. For <J, < 1, a single set of equations 
resulted. For <J, ~ 1, sets of equations were developed, each set applying to a 
specific value of equivalence ratio (see Ref. 19). In ge:neral, the fit for internal 
energy is within 2½ percent over the pressure and temperature range of interest, 
and the error over most of the range is less than 1 pe:rcent. For many applica-
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Ratio of specific heats, 'Yb = cp_ic0 .b, for equilibrium, frozen, and fixed composition burned gases as a 
function of temperature and pressure: (a) equivalence ratio ¢ ~ 1.0; (b) equivalence ratio ¢ > 1. Fuel: 
c.H2n• 

tions, the undissociated equations for thermodynamic properties are sufficiently 
accurate. 

An alternative approach for property calculations, applicable to a wide 
range of hydrocarbon and alcohol fuels, is used extensively in the author's labor­
atory. 2° With this method, the products of combustion of hydrocarbon (or 
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alcohol)-air mixtures are divided into triatomic, diatomic, and monatomic mol­
ecules, M 3 , M 2 , and Mi, respectively. Then, if Y is the extra number of moles of 
diatomic molecules due to dissociation of triatomic molecules and U is the extra 
number of monatomic molecules due to dissociation of diatomic molecules, the 
combustion reaction can be written as 

e<J,C + 2(1 - e)tj>H 2 + 0 2 + t/JN 2 -

[(2 - e)<J, - 2Y]M3 + [1 - 4> + 3Y - U + t/l]M2 + 2UM1 

for </> ~ 1 ( 4.45) 

((2 - B<p)tj> - 2Y]M3 + [2(¢ - 1) + 3Y - U + lj,]M2 + 2UM 1 

for <p > 1 

The method is based upon a fitting of data obtained from sets of detailed chemi­
cal equilibrium calculations to this functional form. Two general dissociation 
reactions: 

and 

are then used with fitted equilibrium constants .K 1(T) and KiT) to calculate the 
relative species concentrations. This approach has been developed to give equa­
tions for enthalpy which sum the translational, rotational, and vibrational contri­
butions to the specific heat, and the enthalpy of formation: 

h R ( T., 
mRP = -2 8N3 + 7N2 + 5N 1)T + R(3N3 + N 2) ( /T) 1 + mRPh/ exp T11 -

(4.46) 

where N 3 , N 2 , and N 1 are the number of moles of triatomic, diatomic, and 
monatomic molecules respectively per mole 0 2 reactant, 7;, is a fitted vibrational 
temperature, mllP is the mass of products per mole 0 2 reactant [Eq. (4.9)], and h 1 
is the average specific enthalpy of formation of the products. 

The molecular weight is given by 

M - mRP 

1> - 1 + {1 - a)<J, + 1/1 + Y + U 
for¢< 1 

(4.47) 

or for <p > 1 

U and Y are found using an approximate solution to the equations obtained by 
applying the fitted equilibrium constants to the dissociation reactions; 111 is 
obtained by fitting a correction to the undisssociated products enthalpy of forma­
tion. Equations are presented for tQe partial derivatives of enthalpy hand density 
p with respect to T, p, and <J,. 20 These relationships have been tested for fuels 
with H/C ratios of 4 to 0.707, equivalence ratios 0.4 to 1.4, pressures 1 to 30 ann, 
and temperatures 1000 to 3000 K. The error for burned mixture temperatures 
relevant to engine calculations is always less than ± 10 K. The errors in density 
are less than ± 0.2 percent. 
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4.s TRANSPORT PROPERTIES 

The processes by which mass, momentum, and energy are transferred from one 
point in a system to another are called rate processes. In internal combustion 
engines, examples of such processes are evaporation of liquid fuel, fuel-air mixing, 
friction at a gas/solid interface, and heat transfer between gas and the walls of the 
engine combustion chamber. In engines, most of these processes are turbulent 
and are therefore strongly influenced by the properties of the fluid flow. However, 
turbulent rate processes are usually characterized by correlations between dimen­
sionless numbers (e.g., Reynolds, Prandtl, Nusselt numbers, etc.), which contain 
the fluid's transport properties of viscosity, thermal conductivity, and diffusion 
coefficient as well as the ftow properties. 

The simplest approach for computing the transport properties is based on 
the application of kinetic theory to a gas composed of hard•sphere molecules. By 
analyzing the momentum flux in a plane Couette ffow,t it can be shown 
(Chapman and Cowling, Ref. 21, p. 218) that the viscosity µ of a monatomic 
hard-sphere gas [where µ = r:/(du/dx), r: being the shear stress and (du/dx) the 
velocity gradient] is given by 

[5/(16p)J(mkT)112 

µ = d2 (4.48) 

where m is the mass of the gas molecule, d is the molecular diameter, and k is 
Boltzmann's constant, 1.381 x 10-23 J(K. 

For such a gas, the viscosity varies as T 1
'
2

, but will not vary with gas 
pressure or density. Measurements of viscosity show it does only vary with tem­
perature, but generally not proportionally to r1tl. The measured temperature 
dependence can only be explained with more sophisticated models for the inter­
molecular potential energy than that of a hard sphere. Effectively, at higher tem­
peratures, the higher average kinetic energy of a pair of colliding molecules 
requires that they approach closer to each other and experience a greater repul­
sive force to be deflected in the collision. As a result, the molecules appear to be 
smaller spheres as the temperature increases. 

An expression for the thermal conductivity k of a monatomic hard-sphere 
gas [k = q/(dT/dx), where q is the heat flux per unit area and dT/dx is the tem­
perature gradient] can be derived from an analysis of the thermal equivalent of 
plane Couette flow (Ref. 21, p. 235): 

k = [75/(64y'1r)](1'3T/m)112 

d2 
(4.49) 

t In Couette ftow, the fluid is contained between two infinite plane parallel surfaces, one at rest and 
one moving with constant velocity. In the absence of pressure gradients, the fluid velocity varies 
lineady across the distance between the surfaces. 
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which has the same temperature dependence asµ. Equations (4.48) and (4.49) can 
be combined to give 

k = fµcv 

since, for a monatomic gas, the· specific heat at constant volume is 3k/(2m). This 
simple equality is in good agrc~ement with measurements ofµ and k for mon­
atomic gases. 

The above model does not take into account the vibrational and rotational 
energy exchange in collisions b1~tween polyatomic molecules which contribute to 
energy transport in gases of interest in engines. Experimental measurements of k 
and µ show that k is less than 1µc11 for such polyatomic gases, where c11 is the sum 
of the translational specific heat and the specific heat due to internal degrees of 
freedom. ft was suggested by E111cken that transport of vibrational and rotational 
energy was slower than that oJf translational energy, He proposed an empirical 
expression 

9y-5 
k = 

4 
µc,, 

Pr= µcp = 4y 
k 9y-5 

(4.50) 

or 

where Pr is the Prandtl number, which is in good agreement with experimental 
data. 

A similar analysis of a binary diffusion process, where one gas diffuses 
through another, leads to an e:1epression for the binary diffusion coefficient D;1 . 

Di; is a transport property of th1e gas mixture composed of species i andj, defined 
by Fick's law of molecular diffusion which relates the fluxes of species i and j, r xi 

and rxi• in the x direction to the concentration gradients, dn/dx and dnJldx (n is 
the molecular number density): 

r ·= -D,f ~) 
XJ \dx 

The binary diffusion coefficient for a mixture of hard-sphere molecules is (Ref. 21, 
p. 245) 

3 (2kT)
1
'
2 

D --- --
u - 16nd2 nm .. 

IJ 

(4.51) 

where mu is the reduced mass m11 m/(m1 + m1). 

A more rigorous treatment of gas transport properties, based on more real­
istic intermolecular potential en1ergy models, can be found in Hirschfelder et al.,12 

who also present methods for computing the transport properties of mixtures of 
gases. The NASA computer pn>gram "Thermodynamic and Transport Proper­
ties of Complex Chemical Systiems "10 computes the viscosity, thermal conduc-
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( vity, and Prandtl number in addition to the thermodynamic calculations 
Jescribed in Sc:cs. 3.7 and 4.7 for high-temperature equilibrium and frozen gas 
·ornposition mixtures. The procedures used in the NASA program to compute 
~hese transport properties are based on the techniques described in Hirschfelder 
et al. 22 The NASA program has been used to compute the transport properties of 
bydrocarbon-ailr combustion products.17 These quantities are functions of tem­
perature T, equivalence ratio ¢, and (except for viscosity) pressure p. Approx­
jmate correlations were then fitted to the calculated data of viscosity and Prandtl 
number. The principal advantage of these correlations is computational speed. 
For Prandtl number (µcJk), it was found convenient to use y, the specific heat 
ratio (cJc"), as an independent variable. Values of')' and cP then permit determi­
nation of the thermal conductivity. 

The viscosity of hydrocarbon-air combustion products over the tem­
perature range 500 up to 4000 K, for pressures from 1 up to 100 atm, for ¢ = 0 
up to </> = 4 is shown in Fig. 4-19. The viscosity as a function of temperature of 
hydrocarbon-aiir combustion products differs little from that of air. Therefore, a 
power law based on air viscosity data was used to fit the data: 

µa;,(kg/m ·s) = 3.3 X 10- 7 X r 0 •7 (4.52) 

where T is in kelvins. The viscosity of combustion products is almost indepen-

1.5 X 10- 4.----..---..-- --,------,,---~-----~ 

"' . 

I. X 10- 4 

7. X 10 ~ 

3, X 10- 5 

<I> 

0.0 
1.0 
2.0 
4.0 

500 

NASA 
0 
0 

700 

Eq.(4.53) 

1000 1500 2000 

Temperature, K 

FIGlJRE4-19 

3000 4000 

Viscosity, kg/m • s, of combustion products as a function of temperature and equivalence ratio. Equa­
tions shown are (4.:52) and (4.53). 

Page 175 of 966



144 JNTERNAL COMBUSTION ENGrNE FUNDAMENTALS 

dent of pressure. This correlation was corrected to include the effect of the equiv­
alence ratio </> on the viscosity of hydrocarbon-air combustion products: 

µprod = 1 + 0.027 </> 
(4.53) 

Figure 4-19 shows that the viscosity predicted using Eqs,. (4.52) and (4.53) is very 
close to the viscosity values calculated with the NASA program. There is less 
than 4 percent error. 

The Prandtl number of hydrocarbon-air combustion products has also 
been correlated over the above ranges of temperatures,, pressures, and equiva­
lence ratios. Since the expression for Prandtl number of a monatomic hard­
sphere molecule gas is a function of y, a second-order polynomial of y was used 
to curve-fit the calculated Prandtl number data. A good fit to the data for lean 
combustion product mixtures was the following: 

Pr = 0.05 + 4.2(y - 1) - 6.7(y - 1)2 (4.54) 

The values of Pr predicted with Eq. (4.54) are within 5 percent of the equilibrium 
Pr values calculated with the NASA program. For rich mixtures the following 
equation is a good fit to the equilibrium values of Pr usiing equilibrium values of 
y, for temperatures greater than 2000 K: 

0.05 + 4.2(y - 1) - 6.7(y - 1)2 

Pr= 1 + 0.015 x 10-6(cf,T)2 l<cf,s.4 (4.55) 

The predicted values of Pr in this case are also close to the calculated values of 
Pr, with less than 10 percent error. Equation (4.55) is also a reasonable fit to the 
frozen valuest of Pr for rich mixtures, using frozen values of y, for the tem­
perature range 1200 to 2000 K. As there are no data for Pr of rich mixtures at 
low temperatures, we suggest that where a fixed compo•sition for the mixture is 
appropriate (e.g., during the exhaust process in an internal combustion engine), 
Eq. {4.55) can also be used with fixed composition values of y. 

The Prandtl number can be obtained from the above relations if y i$ 

known. The thertnal conductivity can be obtained from the Prandtl number if 
values ofµ and cP are known. Values of Yb and cp,b as functions of temperature, 
pressure, and equivalence ratio are given in Figs. 4-15 to 4-18. 

Since the fundamental relations for viscosity and !thermal conductivity are 
complicated, various approximate methods have been proposed for evaluating 
these transport properties for gas mixtures. A good approximation for the vis~ 

t In the NASA program, "fro:zen '' means the gas composition is in eqn1ilibrium at the given T and p, 
but is frozen as c,, cv, and k are computed. 
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oosity of a multicomponent gas mixture is 
v N2 I: xi 

µmi',.t = 1= 1 x;/µ, + 1.385 D =l.J*l x,ii{RT/pM;D,1) 
(4.56) 

where x, and M; are the mole fraction and molecular weight of the ith species, µ1 

is the viscosity of the ith species, v is the number of species in the mixture, and D11 
is the binary diffusion coefficient for species i and j. 22 

4.9 EXHAUST GAS 
coMPOSITION 

While the formulas for the products of combustion used in Sec. 3.4 are useful for 
determining unburned mixture stoichiometry, they do not correspond closely to 
the actual burned gas composition. At high temperatures (e.g., during combustion 
and the early part of the expansion stroke) the burned gas composition corre­
sponds closely to the equilibrium composition at the local temperature, pressure, 
and equivalence ratio. During the expansion process, recombination teactions 
simplify the burned gas composition. However, late in the expansion stroke and 
during exhaust blowdown, the recombination reactions are unable to maintain 
the gases in chemical equilibrium and, in the exhaust process, the composition 
becomes frozen. In addition, not all the fuel which enters the engine is fully 
burned inside the cylinder; the combustion inefficiency even when excess air is 
present is a few percent (see Fig. 3-9). Also, the contents of each cylinder are not 
necessarily uniform in cmnposition, and the amounts of fuel and air fed to each 
cylinder of a multicylinder engine are not exactly the same. For all these reasons, 
the composition of the engine exhaust gases cannot easily be calculated. 

It is now routine to measure the composition of engine exhaust gases. This 
is done to determine engine emissions (e.g., CO, NOx , unburned hydrocarbons, 
and particulates). It is also done to determine the relative proportions of fueJ and 
air which enter the engine so that its operating equivalence ratio can be com­
puted. In this section, typical engine exhaust gas composition will be reviewed, 
and techniques for calculating the equivalence ratio from exhaust gas composi­
tion will be given. 

4.9.1 Species Concentration Data 

Standard instrumentation for measuring the concentrations of the major exhaust 
gas species bas been developed. 23 Normally a small fraction of the engine exhaust 
gas stream is drawn off into a sample line. Part of this sample is fed directly to 
the instrument used for unburned hydrocarbon analysis, a flame ionization detec­
tor (FID). The hydrocarbons present in the exhaust gas sample are burned in a 
small hydrogen-air flame, producing ions in an amount proportional to the 
number of carbon atoms burned. The FID is effectively a carbon atom counter. It 
is calibrated with sample gases containing known amounts of hydrocarbons. 
UnbuTned hydrocarbon concentrations are normally expressed as a mole fraction 
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or volume fraction in parts per million (ppm) as C1. Sometimes results are 
expressed as ppm propane {C

3

H
8

) or ppm hexane (C
6

H
14

); to convert these to 
ppm C1 multiply by 3 or 6, respectively. Older measurements of unburned hydro­
carbons were often made with a nondispersive infrared (NDIR) analyzer, where 
the infrared absorption by the hydrocarbons in a sample cell was used to deter­
mine their concentration. 23 Values of HC concentrations in engine exhaust gases 
measured by an FID are about two times the equivalent values measured by an 
NDIR analyzer (on the same carbon number basis, e.g., C1). NDIR-obtained 
concentrations are usually multiplied by 2 to obtain an estimate of actual HC 
concentrations. Substantial con1centrations of oxygen in the exhaust gas affect the 
FID measurements. Analysis of unburned fuel-air mixtures should be done with 
special care.23 To prevent co1t1densation of hydrocarbons in the sample line 
(especially important in diesel e~ic:haust gas), the sample line is often heated. 

NDIR anatyzers are used[ for CO2 and CO concentration measurements. 
Infrared absorption in a sample cell containing exhaust gas is compared to 
absorption in a reference cell. The detector contains the gas being measured in 
two compartments separated by a diaphragm. Radiation not absorbed in the 
sample cell is absorbed by the 1gas in the detector on one side of the diaphragm. 
Radiation not absorbed in the reference cell is absorbed by the gas in the other 
half of the detector. Different amounts of absorption in the two halves of the 
detector result in a pressure difference being built up which is measured in terms 
of diaphragm distention. NDIR detectors are calibrated with sample gases of 
known composition. Since wa1ter vapor IR absorption overlaps CO2 and CO 
absorption bands, the exhaust gas sample is dried with an ice bath and chemical 
dryer before it enters the NDIR instrument. 

Oxygen concentrations are usually measured with paramagnetic analyzers. 
Oxides of nitrogen, either the amount of nitric oxide (NO) or total oxides of 
nitrogen (NO + NO2 , NO.J, are measured with a chemiluminescent analyzer. 
The NO in the exhaust gas sample stream is reacted with ozone in a flow reactor. 
The reaction produces electronically excited NO2 molecules which emit radiation 
as they decay to the ground st.ate. The amount of radiation is measured with a 
photomultiplier and is proportional to the amount of NO. The instrument can 
also convert any NO 2 in the sample stream to NO by decomposition in a heated 
stainless steel tube so that the~ total NOx (NO + N02) concentration can be 
determined. 23 Gas chromatography can be used to determine all tlie inorganic 
species (N2 , CO2 , 0 2 , CO. H 2) or can be used to measure the individual hydro­
carbon compounds in the total unburned hydrocarbon mixture. Particulate emis­
sions are measured by filtering the particles from the exhaust gas stream onto a 
previously weighed filter, dryin~: the filter plus particulate, and reweighing. 

SPARK-IGNITION ENGINE DAT A. Dry exhaust gas composition data1 as a func­
tion of the fuel/air equivalence ratio, for several different multi- and single­
cylinder automotive spark-ignition engines over a range of engine speeds and 
loads are shown in Fig. 4-20. The fuel compositions (gasolines and isooctane) had 
H/C ratios ranging from 2.0 t,o 2.25. Exhaust gas composition is substantially 
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Spark-ignition engine exhaust gas composition data in mole fractions as a function of fuel/air equiva­
lence ratio. Fuels: gasoline and isooctane, H/C 2 to 2.25. (From D'Alleva and Lovell,2'4 Stivender,15 

Harri11gtor1 and Shishti,16 Spindt, 27 and darafrom the author's laboratory at MIT.) 

different on the lean and the rich side of the stoichiometric air/fuel or fuel/air 
ratios; thus, the fuel/air equivalence ratio <P (or its inverse, the relative air/fuel 
ratio ,l) is the appropriate correlating parameter. On the lean side of stoichiomet­
ric, as ¢ decreases, CO2 concentrations fall, oxygen concentrations increase, and 
CO levels are low but not zero (~0.2 percent). On the rich side of stoichiometric, 
CO and H2 concentrations rise steadily as </> increases and CO2 concentrations 
fall. 0 2 levels are low ( ~ 0.2 to 0.3 percent) but are not zero. At stoichiometric 
operation, there is typically half a percent 0 2 and three-quarters of a percent CO. 

Fuel composition has only a modest effect on the magnitude of the species 
concentrations shown. Measurements with a wide range of liquid fuels show that 
CO concentrations depend only on the equivalence ratio or relative fuel/air ratio 
(see Fig. 11-20).26 A comparison of exhaust CO concentrations with gasoline, 
propane (C3 H8), and natural gas (predominantly methane, CH4 ) show that only 
with the high H/C ratio of methane, and then only for CO > 4 percent, is fuel 
composition significant. 28 The values of CO2 concentration at a given </> are 
slightly affected by the fuel H/C ratio. For example, for stoichiometric mixtures 
with 0.5 percent 0 2 and 0.75 percent CO, as the H/C ratio decreases CO2 

concentrations increase from 13.7 percent for isooctane (H/C = 2.25), to 14.2 
to 14.5 percent for typical gasolines (H/C in range 2-1.8), to 16 for toluene 
(H/C = 1.14).29 
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Hydrogen concentration in spark-ignition engine exhaust as a function of carbon monoxide concen­
tration. Units: percent by volume.30 

Unburned hydrocarbon ~:xhaust concentrations vary substantially with 
engine design and operating co111ditions. Spark-ignition engine exhaust levels in a 
modem low-emission engine are typically of the order of 2000 ppm C1 with 
liquid hydrocarbon fuels, and about half that level with natural gas and propane 
fuels. 

Hydrogen concentrations in engine exhaust are not routinely measured. 
However, when the mixture is ,oxygen-deficient- fuel rich- hydrogen is present 
with CO as an incomplete combustion product. Figure 4-21 summarizes much of 
the available data on H2 concentrations plotted as a function of CO.30 

DIESEL EXHAUST DATA. Sinc:e diesels normally operate significantly lean of 
stoichiometric(¢ ~ 0.8) and the diesel combustion process is essentially complete 
(combustion inefficiency is ~2 p1ercent), their exhaust gas composition is straight­
forward. Figure 4-22 shows that 0 2 and CO2 concentrations vary linearly with 
the fueljair equivalence ratio over the normal operating range. Diesel emissions 
of CO and unburned HC are low. 

4.9.2 Equivalence Ratio Detiermination 
from Exhaust Gas Constituents 

Exhaust gas composition depends on the relative proportions of fuel and air fed 
to the engine, fuel composition, and completeness of combustion. These relation• 
ships can be used to determin1e the operating fuel/air equivalence ratio of an 
engine from a knowledge of its exhaust gas composition. A general formula for 
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FIGUXE4-l2 
Exhaust gas composition from several diesel engines in mole fractions on a dry basis as a function of 
fuel/air equivalence ratio. 31 

the composition of fuel can be represented as CnHmO,. For conventional 
petroleum-based fuels, oxygen will be absent; for fuels containing alcohols, 
oxygen will be present. The overall combustion reaction can be written as 

Fuel + oxidizer - products 

The fuel is C,,HmO,; the oxidizer is air (02 + 3.773N2). The products are CO2 , 

H10, CO, H 2 , 0 2 , NO", N 2 , unburned hydrocarbons (unburned fuel and pro­
ducts of partial fuel reaction), and soot particles (which are mainly solid carbon). 
The amount of solid carbon present is usually sufficiently small ( :s; 0.5 percent of 
the fuel mass) for it to be omitted from the analysis. The overall combustion 
reaction can be written explicitly as 

C,,HmOr + n;2 (02 + 3.773N2) = np(xCaHbCaHb + XcoCO + Xco2C02 

+ x020 2 + iN:r.N2 + xN0 NO 

+ XN02N02 + XH20H20 + XH2H2) (4.57) 

where ¢ is the measured equivalence ratio [(F / A)aclwJ(F / A)a,olchlometrlcJ, no2 is the 
number of 0 2 molecules required for complete combustion (n + m/4 - r/2), np is 
the total number of moles of exhaust products, and x1 is the mole fraction of the 
ith component. 

There are several methods for using Eq. (4.57) to determine ¢, the equiva­
lence ratio, depending on the amount of information available. Normally CO2 , 

CO, 0 2, NO" concentrations as mole fractions and unburned hydrocarbon (as 
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mole fraction or ppm C 1, i.e., 3;cHb,) are measured. The concentration of the inor­
ganic gases are usually measured dry (i.e., with H 2O removed) or partially dry. 
Unburned hydrocarbons may be measured wet or dry or partially dry. NOx is 
mainly nitric oxide (NO); its. concentration is usually sufficiently low ( <0.5 
percent) for its effect on equivalence ratio determination to be negligibly small. 
Thus, in Eq. ( 4.57) there are se,ven unknowns which are: </>, xH

2

, xH
2

o, xN
2

, np, a, 
b. (There will be additional 1unknowns if the measurements listed above are 
incomplete.) 

To solve for these unknowns we need seven additional equations. We can 
obtain five equations using an atomic balance for each element and the definition 
of mole fraction, as follows: 

Carbon balance: 

(4.58) 

Hydrogen balance: 

(4.59) 

Oxygen balance: 

2no1. ('" 2- - 2- - ) 
r + ¢ = '1p ;cco + Xco2 + XNo + Xo2 + xH20 (4.60) 

Nitrogen balance: 

(4.61) 

Mole fractions add up to 1 : 

XcoHb + Xco + XH:z + .iH20 + .XN2 + .XNo + Xco:z + Xo2 = 1 (4.62) 

An additional assumption is made, based on available exhaust gas composition 
data, that CO2 , CO, H 2O, and H2 concentrations are related by 

XcoXHiO = K 
Xco2XH2 

(4.63) 

where K is a constant:t Values of 3.824
• 
25 and 3.527 are commonly used for K. 

The difference between these values bas little effect on the computed magnitude 
of </>. To complete the analysis, various assumptions are made concerning the 
composition and relative importance of the unburned hydrocarbons. The most 
common approaches are summarized below. 

t Equation (4.63) is.often described as assuming a specifi1= value for the water-gas reaction equilibrium 
constant. In fact K is an empirical cons,tant determined from exhaust gas composition data. 
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oxYGEN BALANCE AIR/FUEL AND EQUIVALENCE RATIOS. For fuels com-
ised of carbon and hydrogen only, when all species are measured with the same 

~:ckground moisture (wet, dry, or partially dry}, the following expression based on 
the ratio of measured and computed oxygen-containing species to measured 
carbon-containing species gives the air/fuel ratio. It has been assumed that the 
unburned hydrocarbons have the same C/H ratio as the fuel :32 

(A) ~ 4.773 (Mair) (CO2)+ (CO)/2 + (H2O)/2 + (NO)/2 + (NO2) + (02) 
F M 1 (HC) + (CO) + (CO2) 

(4.64) 

where () are molar concentrations (all with the same background moisture) in 
percent, M alr = 28.96, M 1 = 12.01 + 1.008y where y is the H/C ratio of the fuel, 
(HC) js molar percent unburned hydrocarbons as C1, and 

(CO2)+ (CO) 
(H20) = 0.5y (CO)/[K(CO2)] + l (4.65) 

Since nitrogen oxides collectively comprise less than 0.5 percent of the exhaust 
mixture, their concentrations can be omitted with negligible error. 

The fueljair equivalence ratio <P is obtained from the ratio of the stoichio­
metric air/fuel ratio [Eq. (3.6)] and Eq. (4.64) above. 

CARBON BALANCE AIR/FUEL AND EQUIVALENCE RATIOS. When oxygen 
analysis is not available, for fuels comprised of carbon and hydrogen only, a 
carbon balance air/fuel ratio may be employed :25 • 32 

A = Mair [100 + (HC) - (CO)/2 + 3(H:zO)/2 - (H2O)a _ l] (4.66) 
F M f (HC) + (CO) + (CO2) 2 

The symbols are as defined above. (H20) is the molar percent water in the com­
bustion products defined by Eq. (4.65) and (H2O)a is the molar percent water 
vapor at the analyzers. 

This carbon balance (A/F) is sensitive to moisture concentration at the 
analyzers. The use of ice bath exhaust sample chillers generally reduces the 
(H2O)0 term to less than 1 percent and little accuracy is then lost by neglecting -it. 
For completely "wet" analysis (uncondensed), (H2O)a = (H2O), and Eq. (4.66) is 
accurate. For partially dry exhaust gas analysis, knowledge of the dew point of 
the mixture will provide the {H20)0 term by reference to steam tables. 

The fuel/air equivalence ratio <P is obtained from the ratio of the stoichio~ 
metric air/fuel ratio [Eq. (3.6)] and Eq. (4.66) above. 

EQUIVALENCE RATIO BASED ON WET HC AND DRY INORGANIC GAS 
ANALYSIS. Engine exhaust gas composition is often determined by analyzing a 
fully dried sample stream for CO2 , CO, 0 2 , and NO,0 and a fully wet 
(uncondensed) stream with an FID for unburned hydrocarbons. Equations (4.64) 
and (4.66) are not applicable under these circumstances. The following equations 
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define the exhaust gas composition and equivalence rati10 under these conditions. 
The notation x1 denotes the wet mole fraction of species i and xr denotes the dry 
mole fraction of species i. Equations (4.57) to (4.62), with Eq. (4.63) to relate CO2 , 

CO, H20, and H2 concentrations and the assumption that b/a = m/n, were used 
to derive these results. The equations apply for a fuel of c:omposition C,,.H"O,.. 

The fuel/air equivalence ratio is given by 

2n0 

</J = - ,1 - x-· 2-• 2-• + -· 2~• ) (4.67) np XH20 + nP\ - Xn20 Xco + Xco2 + Xo2 XNo + XN02 - r 

where the wet and dry mole fractions are related by 

and 

- (1 - )-• X1 = - XH20 X1 

- -· ~ - Xn20Xco 
Xu2 - K -• 

Xco2 

n 

_ _ 3.7731107 (l _ , (x~0 + x~02) 
XN2 - tjmp - - XHzOJ 2 

(4.68) 

Note that XcHbia is the measured (wet) HC concentratio,n as a mole fraction C1 
(ppm C1 x 10- 6

): XcHbta = a xCaH&. Figure 4-23 shows we:t exhaust gas concentra­
tions, based on the MIT measured dry concentrations of CO2 , CO, 0 2 shown in 
Fig. 4-20, and wet HC concentration, as well as Eqs. (4.68). 

For lean mixtures, varying the value of K between 1.5 and 5.5 had a negligi­
ble effect on the value of</> computed from Eq. (4.67). For stoichiometric mix­
tures, varying K from 2.5 to 4.5 varied the computed ~f> by 2 to 3 percent. For 
</> ~ 1.2, varying K from 2.5 to 4.5 varied the computed </> by 3 to 4 percent. The 
error in</> involved in omitting NO'"' is 0.2 percent for an NOx level of 1000 ppm, 
increasing to 1 percent for an NO.x level of 5000 ppr.n. The sensitivity of the 
computed </> to errors in the measurements of CO2 , CO, and 0 2 is modest within 
the normal range of</> used. A 2 percent error in CO2: or CO or 0 2 at </> ~ 1 
gives about a 0.1 percent error in computed <f>. For teamer and richer mixtures, 
the error in </> increases for errors in measured CO2 concentration, and CO 
(</> > 1) and 0 2 (</> < 1) concentrations, but is still significantly less than the mea­
surement error in fuel and air flow. 

4.9.3 Effects of Fuel/Air Ratio 
Nonuniformity 
Neither the masses of air inducted into the different cylinders of a multicylinder 
engine per cycle nor the masses of fuel which enter the different cylinders per 
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Wet exhaust gas spiecies concentrations as a function of fuel/air equivalence ratio, based on the dry 
e.xhaust gas compm1ition data in Fig. 4-20 and Eqs. (4.68). 

cycle are exactly equal. In addition, mixing of fuel and air within each cylinder is 
not necessarily c;ompletely uniform. Thus the exhaust gas composition may corre­
spond to a distribution in the fuel/air ratio in the unburned mixture about the 
mean value. Ft0r example, if the mean fuel/air ratio is stoichiometric, extra 
oxygen will be contributed by any cylinders operating lean of the average and 
extra carbon monoxide by any cylinders rich of the average? so that the exhaust 
gas will have higher levels of 0 2 and CO (and a lower level of CO2 ) relative to an 
engine operating with identical fueljair ratios in each cylinder. 

Eltinge has developed a method for defining this nonuniformity in the fuel/ 
air ratio distribution for spark-ignition engines which operate close to stoichio­
metric.29 A function f(x) for the fuel/air ratio distribution (x = F/A) was 
assumed, with standard deviation Sx. For each value of x (i.e., Ff A), complete 
utilization of the available oxygen was assumed (i.e., no exhaust HC) and the 
CO2 , H20, CO, H2 concentrations were related by Eq. (4.63) (with K = 3,5). The 
concentrations of each species for each (F / A) were weighted by the distribution 
function/ (x) and summed to produce the average exhaust concentration. (A cor­
rection to allow for the presence of unburned HC in the exhaust was also devel­
oped.) Figure 4 .. 24 shows one set of results, for a fuel H/C ratio of 1.8 (typical of 
gasoline), for a 111ormal distribution in t11e fueljair ratio. For each mean (F/A) and 
maldistribution parameter Sx {the standard deviation of the F/A distribution) the 
corresponding dry concentrations of CO2 , CO, and 0 2 are shown. This type of 
information cat, be used to define the fuel-air mixture nonuniformities in spark­
ignition engines operating relatively close to stoichiometric. For diesel engines 
the variations c•f major exhaust gas species concentrations with fuel/air equiva-

Page 185 of 966



154 INTERNAL COMBUSTION ENGINE FUNDAMENTALS 

5 

l3lt 

8 
3 

2 

Assumptions: 
Fuel H/C atom ratio = 1.80 

AIF Water gas c,onstant = 3.5 
No unbume,d fuel 

Stoichiometric rur/fuel l'atio = 14.5 

b. 
• 'b 

._,bi. 

"'), 

~ 
I;.') 
• 'Ill . ~ 

• "' 

5 

FIGURE 4-24 
Computed relationship between dry 
exhaust gas composition (CO2 , CO, and 
0 2), air/ fuel ratio, and maldistribution 
parameter S" . Fuel: (CH 1.a)n- The correc­
tion to be added to the burned gas 
(F/A) which allows for the measured un­
burned hydrocarbon concentration is 
4.7 x 10- 7 x HC (ppm C i) (From 
Elti11ge. 29

) 

lence ratio are linear, so the effects of any nonuniformities are not apparent in 
this manner (see Fig. 4-22). 

4.9.4 Combustion lnefficiem~y 

Internal combustion engine exhaust contains combustible species: CO, H2 , 

unburned hydrocarbons, and particulates. When their concentrations are known, 
the combustion efficiency rte given by Eq. (3.27) can be calculated. The chemical 
energy carried out of the engim~ in these combustibles represents the combustion 
inefficiency, 1 - '1c: 

1- = L1 X1QHV1 
t'fc [m,/(ma + m,)]QHVJ 

(4.69) 

where the xi are the mass fractions of CO, H 2 , HC, and particulates, respectively, 
the Quv, are the lower heating values of these species, and the subscripts f and a 
denote fuel and air. The heatinig values for CO (10.1· MJ/kg) and Hi(l20 MJ/kg) 
are well defined. The composiition of the unburned HC is not usually known. 
However, the heating values of hydrocarbons are closely comparable, so the fuel 
heating value (typically 42 to 44 MJ/kg) is used. The particulates (only present in 
diesels) are soot with some adsorbed hydrocarbons; usually the mass fraction is 
low enough for their contribution to be small, and a heating value for solid 
carbon (32.8 MJ/kg) can be used. Combustion efficiency data as a function of 
equivalence ratio have already been presented in Fig. 3-9. 
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pBOBLEMS 

4.J, 

4.2. 

4.3. 

4.4, 

(a) Calculate the low-temperature burned gas composition resulting from the com­
bustion of 7 g/s air with 0.48 g/s ethane (C2H6). Assume K = 3.5 in Eq. (4.6). 

(b) Calculate the low-temperature burned ·gas composition for the combustion of 
7 g/s ai1r with 0.48 g/s ethanol (C2H6O). Assume K = 3.5 in Eq. (4.6). (Note the 
large diJlference in burned gas composition due to this difference in fuel.) 

To evaluate~ the accuracy of the simple analytic ideal gas model, use the results of 
Example 4.1 and Eqs. (4.23) (constant-volume adiabatic combustion) and (4.24) 
(constant-pressure adiabatic combustion) to calculate T,, for a stoichiometric 
isooctane-air mixture. Compare this result with that obtained using Figs. 4-3 and 
4-8. Assum,e the following unburned mixture conditions: T = 700 K, v = 0.125 m3

/ 

kg air, p = 15 atm, and xb = 0.1. 

(a) In Fig. 4-1 , why does Mu decrease as xb increases? 
(b) In Fig. 4-14, why does Mi, decrease as T increases? 
(c) In Fig. 4-14, why does Mb decrease as <I> increases? 
Show how, for an ideal gas with fixed composition, the molecular weight M is 
related to the specific heats cP and cv, and R. Use Figs. 4-15 and 4-16 to calculate Mb 

for T,, = 17.50, 2250, and 2750 K, and </> = 1.0. Compare these results with values of 
Mb obtaine,d from Fig. 4-14 and explain any differences. 

4.5. EGR, exhaust gas recirculation, is otlen used to reduce NO.., by acting as a diluent in 
the intake mixture. 
(a) For low-temperature isooclane-air combustion products at </> = 1.0, determine 

the percentage of the burned gases' average specific heat at constant pressure 
which c,omes from each component in the burned gas mixture. 

(b) Compare the specific heat at constant pressure of isooctane-air combustion pro­
ducts at </, = 1.0 to that of air, both at 1750 K. This difference is one reason why 
EGR instead of leaner fuel-air mixtute is used to control NO,.. emissions. 

4.6. Explain qualitatively the causes of the trends in the curves in Fig. 4-23 as </, is 
increased from 1.0 and decreased from 1.0. 

4.7. Compare the 0 2 , CO2 , and CO data in Fig. 4-22 with the predictions of the elemen­
tal balance in Table 4.3. Explain any differences. Assume diesel fuel is a hydrocarbon 
with H/C ratio of 2. 

4.8. The followi.ng exhaust data were obtained from a four-stroke cycle spark-ignJtion 
engine. CO, CO2 , and NO.., molar concentrations are all measured fully dry; HC is 
measured follly wet as ppm C1. Determine the fuel/air equivalence ratio cf> for the 
following three sets of data. Make the following assumptions: (1) the constant Kin 
Eq. (4.63) equals 3.5; (2) the fuel composition is C8H 15_12 ; (3) the unburned hydro­
carbon H/C ratio is the same as that of the fuel; and (4) NOx is entirely NO. 
(a) CO2 14.0%, CO 0.64%, 0 2 0.7%, NO,, 3600ppm, HC 3200 ppm. 
(b) CO2 13,.8%, CO 3.05%, 0 2 0%, NO_.. 1600pprn, HC 3450 ppm. 
(c) CO2 12:.5%, CO 0. t 6%, 0 2 4.0%, NO.t 4600 ppm, HC 2100 ppm. 

4.9. The cxhaus;t from a spark-ignition engine has the following composition (in mole 
fractions); 

CO2 = 0.12; H20 = 0.14; CO= 0.01; H2 = 0.005; 

N2 = 0.7247; C8H 18 = 0.0003 

The fuel is isooctane, C8H 18 i as shown above, a small fraction of the fuel escapes 
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from the cylinder unburned. The lower heating value of isooctane is 44.4 MJ/kg, of 
carbon monoxide is 10.1 MI/kg, and of hydrogen is 120 MJ/Jcg. The atomic weights 
of the elements are: C = 12, 0 = 16, H = 1, N = 14. 
(a) Calculate the combustion inefficiency in the engine; i.e., the percentage of the 

entering fuel enthalpy which is not fully released in tllie combustion process and 
leaves the engine in the exhaust gases (for this problem, the exhaust can be 
assumed to be at room temperature). 

(b) What fraction of this inefficiency is due to the unburned fuel emissions? 

4,10. A 2-liter displacement four-cylinder engine, operating at 2000 rev/min and 30 
percent of its maximum power at that speed, has the fol11owing exhaust composition 
(in percent by volume or mole percent): 

CO
2

, 11 % ; H
2

0, 11.5%; CO, 0.5%; H
2

, 0%; 0
2

, 2%; unburned hydrocarbons 
(expressed as CH2 , i.e., with a molecular weight of 14), 0.5%; N2 , 74.5% 

The fuel is (CH2)" with a heating value of 44 MJ/kg. The atomic weights of the 
elements are C = 12, H = 1, 0 = 16, N = 14. The heatin1~ values of CO and HC are 
10 and 44 MJ/kg, respectively. 
(a) Is the engine a diesel or spark-ignition engine? Is tl~ere enough oxygen in the 

exhaust to burn the fuel completely? Briefly explain. 
{b) Calculate the fraction of the input fuel energy (mrQtHV) which exits the engine 

unburned as (1) CO and (2) unburned HC. 
(c) An inventor claims a combustion efficiency of 100 percent can be achieved. What 

percentage improvement in engine specific fuel consun!lption would result? 
4.11. A gasoline engine operates steadily on a mixture of isooictane and air. The air and 

fuel enter the engine at 25°C. The fuel consumption is 3.0 g/s. The output of the 
engine is 50 kW. The temperature of the combustion products in the exhaust mani­
fold is 660 K. At this temperature, an analysis of the combustion products yields the 
following values (on a dry volumetric basis): 

CO2 • 11.4%; 0 2 , 1.6%; CO, 2.9%; N 2 • 84.1 % 

(a) Find the composition in moles (number of moles per mole of isooctane) of the 
reactants and the reaction products. 

(b) Determine the beat-transfer rate from the working fluid as the working fluid 
passes through the engine. 
Constants for the calculations: 

CeH19 
CO2 

co 
H 20 
02 
N2 

Enthalpy of fonnation, 
kJ/kmol 

-259280 
- 393522 
-110529 
-241827 

Seosible eotbalpy at 660 K, 
kJ/kmol 

15823 
10789 
12710 
11200 
10749 

4.12. A direct-fojection four-stroke cycle diesel engine is used to provide power for 
pumping water. The engine operates at its maximum rated power at 2000 rev/min, 
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(liquid) 

Cooled 
diesel 
exhaust 

400 K 

FIGURE P4-12 

with an eqtilivalence ratio of 0.8 and an air flow of 0.5 kg/s. The gross indicated fuel 
conversion efficiency is 45 percent, and the heat losses from the working fluid to the 
engine cool:ant and elsewhere within the engine are 280 kW. Diesel fuel has a heating 
value of 42 MJjkg and stoichiometric fuel/air ratio of 0.067. Fuel and air enter the 
engine at ambient conditions. The mechanical efficiency of the diesel engine is 85 
percent. 
(a) Calcula1te the rated brake power of the engine, the average sensible enthalpy of 

the exh1aust gases as they leave the engine, and the average exhaust gas tem­
peraturn. 

(b) Since the exhaust gas temperature is significantly above ambient, the advantages 
of using; the diesel exhaust gas stream to heat the boiler of a Rankine cycle (see 
sketch) and generate additional power are to be explored. Ir the exhaust gases 
leave th,e Rankine-cycle system boiler at 400 K and 30 percent of the heat trans­
ferred firom the exhaust gas stream in the boiler is converted to power at the 
Rankinc~-cycle power plant drive shaft, calculate the additional power obtained 
and the brake fuel conversion efficiency of the combined cycle system (diesel plus 
Rankine~ cycle). 

4.13. A diesel en:gine has a compression ratio of 22: 1. The conditions in the cylinder at 
the start of compression are p = 101.3 kPa and T = 325 K. CaJculate the pressure 
and tempeuture at the end of compression, assuming the compression process is 
isentropic: 
{a) Assume the cylinder contains an ideal gas with y = 1.4 and R = 287 

J/kg·K. 
(b) Assume the cylinder contains air which may be regarded as a semiperfect gas (use 

the gas 1tables). 
(c) Compare the work of compression in (a) and (b) above. 
In practice, beat losses reduce the final compression temperature by 100 K. For a 
diesel engine operating at an equivalence ratio of 0.75 (full load): 
(d') Calcula1te the ratio of heat loss during compression to the fuel energy added per 

cycle. 

4.14. While the g;eometric compression ratio of an engine is V maJV.1110 , the actual compres­
sion process starts somewhere between bottom-center and when the inlet valve 
closes, and it is conditions at time of spark (for an SI engine) or fuel injection (for a 
CI engine) that determine ignition. At low engine speed, compression starts about 
the time when the inlet valve closes. With this assumption, for the diesel engine of 
Prob. 4.13, calculate the air pressure and temperature at the start of injection. The 
inlet valve doses at 30° after BC; injection commences 15° before TC. Use the gas 
tables. Compare your answers with those of Prob. 4.13(b). 
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4.tS. Use an equilibrium computer code (which calculates the composition and properties 
of chemically reacting gas mixtures in equilibrium) to calculate the data you need for 
the following graphs: 
(a) Values of cp, y, molecular weight, and gas composition (mole fractions of N 2 , 

CO
2

, H
2

O, CO, H
2

, 0 2 , OH, 0, H, and NO) as a function of the equivalence 
ratio (</> = 0.2 to 1.4) for products of combustion of isooctane (C8H 18) with air at 
p = 40 atm and T = 2500 K. Put all species concentrations on the same graph. 
Use a log scale for the composition axis. 

(b) Unburned mixture consisting of isooctane vapor and air at 700 K and 20 at.In is 
burned first at constant pressure and then at constant volume. 
(1) Calculate the enthalpy and internal energy of isooctane vapor at 700 K in 

cal/gmol; also calculate the volume per unit mass of mixture (cm3/g) for 
<J> = 0.2, 0.4, 0.6, 0.8, 1.0, 1.2, 1.4. 

(2) Use these data and the equilibrium program to calculate the temperature 
attained after combustion at constant pressure, and temperature and pressure 
attained after combustion at constant volume. Plot these temperatures and 
pressures against the equivalence ratio <f,. 

Thermodynamic data for isooctane vapor 

T,K 

298 
700 

cP, cal/mol • K 

45.14 
85.66 

ii - li298 , kcal/mol 

0.00 
27.02 

t.lij, kc11l/mol 

-53.51 
-62.79 

4.16. A heavy waJl bomb with a volume of 1000 cm3 contains a mixture of isooctane witll 
the stoichiometric air requirement at p = 101.3 kPa and T = 25°C. The mixture is 
then ignited with a spark. Find the pressure and temperature of the equilibrium 
combustion products just after combustion is complete (i.e., before heat losses to the 
wall are significant). Assume the burned gases are uniform. 

4.17. A gas engine, running on a gaseous mixture of butane, C4H 10 , and air has the 
following conditions in the cylinder prior to constant-volume adiabatic combustion: 
pressure, 6.48 x 105 N/m 2 ; temperature, 600 K. The charge composition is air plus 
50 percent of the stoichiometric quantity of butane fuel. Calculate the pressure and 
temperature at the end of combustion using the data given below. 

For air T,K ii, J/gmol 

298 6,16] 
600 12,596 

For butane T,K u, J/gmol 

298 - 77 
600 38,424 
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Internal energy of combustion of butane at 298 K is Liu== - 2.659 MJ/gmol. 
Extract from gas tables for products of combustion for 50 percent stoichiometdc 
fuel: 

T, K 

298 
2075 
2080 

,i, J/gmol 

6,293 
54,227 
54,380 
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5.1 INTRODUCTION 

CHAPTER 

5 
IDEAL 

MODELS OF 
ENGINE 
CYCLES 

The operating cycle of an internal combustion engine can be broken down into a 
sequence of separate processes: intake, compression, combustion, expansion, and 
exhaust. With models for each of these processes, a simulation of a complete 
engine cycle can be built up which can be analysed to provide information on 
engine performance. Models of individual engine processes at various levels of 
approximation have been developed. In this chapter we consider the simplest set 
of models whic:h provide useful insights into the performance and efficiency of 
engines. The cydes analysed are commoq}y called the constant-volume, constant­
pressure, and limited-pressure cycles; each title describes the approximation 
made for the ,~ngine combustion process. t The description of more accurate 
simulations of e:ngine processes is deferred until Chap. 14. 

For each ,engine cycle, a choice of models for working fluid thermodynamic 
properties muslt be made. These models have been reviewed in Chap. 4. Ideal 

t These cycles are also referred to by the titles Otto cycle, Diesel cycle, and dual cycle, respectively, 
for historical reasoins. The more descriptive titles used above are preferred because they avoid the 
often-made assump,tion that the SI or Otto engine is best approximated by the constant-volume cycle, 
and the CI or dies1,I engine is best approximated by the constant-pressure cycle. These assumptions 
are not necessarily ,correct. 

161 
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engine cycle models combined with a simple ideal gas model (specific heats con­
stant throughout the engine cycle--model 1 in Table 4.2() provide analytic results 
and are useful for illustrative purposes; we will call these: cycles ideal gas standard 
cycles. Ideal engine cycles combined with more realistic models of working fluid 
properties (a frozen mixture of ideal gases for the unburned mixture and an equi­
librium mixture for the burned mixture-model 5 in Table 4.2) are called fuel-air 
cycles and provide more quantitative infonnation on eng;ine operation. 

An internal combustion engine is not a heat engine in the thermodynamic 
definition of the term. It is not a closed system. The working fluid does not 
execute a thermodynamic cycle. The temperature changes which occur around 
minimum and maximum cylinder volumes are not primarily a result of heat­
transfer interactions. An engine can best be analyzed ats an open system which 
exchanges heat _and work with its surrounding environment (the atmosphere). 
Reactants (fuel and air) flow into the system; products (exhaust gases) flow out. 
(An overall second law analysis of the engine from this Jpoint of view has already 
been presented in Sec. 3.6.) Thus, the cycles discussed in this chapter are not 
thermodynamic cycles. Rather, each is a consecutive sequence of processes 
through which we can follow the state of the working fluid as the engine executes 
a complete operating cycle. 

5.2 IDEAL MODELS OF 
ENGINE PROCESSES 

The sequence of processes which make up a typical SI and CI engine operating 
cycle has been described in Sec. 1.3. To illustrate these processes, cylinder pres­
sure (p) and volume (V) data from a throttled four-stiroke cycle SI engine are 
plotted as a P· V diagram in Fig. 5-1. The cycle can be divided into compression, 

35 

30 

f 
25 

= "' ~ p. 

20 

.. 
0 15 "O 

:3 
>, 
u 10 

5 

0 
0.0 0.2 0.4 0.6 0.8 1.0 

Cylinder volume/Vma~ 

FIGURE S..l 
Pressure-volume diagram of firing spark-ignition engine. r, = 8.4. 35CK) rev/min, p1 = 0.4 atm, P. = I 
atm, imep" = 2.9 atm. 
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1'AJJLE 5.1 
Ideal models of engine processes 

Process 

eoropression (l-2) 
combustion (2-3) 

Expansion (3-4) 
E;(haust (4-5-6) 

and 
jntake (6-7-1) 

p 3 

(a) 

p 

2 3 

(b) 

FIGURE S-2 

Assumptions 

I. Adiabatic and reversible (hence isentropic) 
1. Adiabatic 
2. Combustion occurs at 

(a) Constant volume 
(b) Constant pressure 
(c) Part at constant volume and part at constant 

pressure (called limited pressure) 
3. Combustion is complete ('le = 1) 
1. Adiabatic and reversible (hence isentropic) 
1. Adiabatic 
2. Valve events occur at top- and bottom-center 
3. No change in cylinder volume as pressure 

differences across open valves drop to zero 
4. Inlet and exhaust pressures constant 
5. Velocity effects negligible 

V 

p 3a 3b 

4 

~===~==::::!.!.:I , 5 
V 

p 3 

2 
6 
7 

(c) 

V 
(d) 

p 3 

2 
---4 

7---=-----11 
6 5 

V 
(e) 

Pressure-volume diiagrams of ideal cycles. Untbrottled operation: (a) constant-volume combustion; 
(b) constant-pressm,e combustion; (c) limited-pressure combustion. (d) Throttled constant-volume 
cycle; (e) supercharged constant-volume cycle. 
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combustion, expansion, exl1aust, and intake processes. Sets of assumptions which 
simplify each of these processes to a form convenient for analysis are given in 
Table 5.1. 

Pressure-volume diagrams for the constant-volume, constant-pressure, and 
limited-pressure cycles for unthrottled engine operation are illustrated in Fig, 
5-2a to c. Throttled engine operation (pi < Pe) and super,charged engine operation 
(pi > Pe) are shown in Fig. 5-2d and e. In each cycle: 1-2 is the compression 
process, 2-3 is the combustion process, 3-4 (or 2-4 in the: constant-pressure cycle) 
is the expansion process, 4-5-6 is the exhaust process,, and 6-7-1 is the intake 
process. 

The most critical assumption in determining how usefu) these ideal cycles 
are as indicators of engine performance is the form assumed for the combustion 
process. The real ·engine combustion process occupies a finite crank angle period 
(between about 20 and 70 crank angle degrees), and the spark or fuel-injection 
timing may be retarded from its optimum advance to closer to TC. The constant­
volume cycle is the limiting case of infinitely fast combus:tion at TC; the constant­
pressure cycle would correspond to slow and late combustion; the limited­
pressure cycle lies in between. 

5.3 THERMODYNAMIC RELATIONS 
FOR ENGINE PROCESSES 

The overall engine operating parameters of greatest intt:rest which can be deter­
mined from a thermodynamic analysis of the engine operating cycle are: 

The indicated fue] conversion efficiency tfJ,i; 

w 
fl - ,,, 
·,1.1-

m,QLHV 
(5.1) 

(which, since the combustion efficiency is unity, is equal to the indicated thermal 
conversion efficiency t1,,i; see Sec. 3.6.2) 

The indicated mean effective pressure (imep): 

(5.2) 

Wc,i , the indicated work per cycle, is the sum of the com1pression stroke work and 
the expansion stroke work: 

(5.3) 

Using the notation of Fig. 5-2 to define the endpoints of each engine process, the 
following relationships are obtained by applying the first and second laws of 
thermodynamics to the cylinder contents: 
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compression stroke: 

Since the process is adiabatic and reversible 

The compression work is 

Combustion process: 
For the constant-volume cycle, 

For the constant-pressure cycle, 

For the limited-pressure cycle, 

V30 = V2 P3b = P3a 

and U30 - U2 = 0 h3b - h311 = 0 

Expansion stroke: 
For the constant-volume cycle, 

and the expansion work is 

WE= U3 - U 4 = m(u3 - u4.) 

For the constant-pressure cycle, 

and the expansion work is 

WE = U 3 - U 4 + pz(V3 - V2) 

= m[(u3 - u4 ) + p2(v3 - v2)] 

= m[(h3 - h4) + p4 V4 - P2 V2] 

(5.4) 

(5.5) 

(5.6) 

(5.7a, b) 

(5.7c, d) 

(5.7e,f) 

(5.7g, h) 

(5.8a, b) 

(5.9) 

(5.10a, b, c) 

(5.11) 
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For the limited-pressure cycle, 

and the expansion work is 

WE= u3b - U4 + p3(V3b - V3a) 

= m[(U3b - U4) + p3(V3b - V3a)] 

= m[(h3b - h4) + p4 V4 - p3 V3a] 

(5.12a, b, c) 

(5.13) 

The indicated fuel conversion efficiency is found by substitution into Eqs. 
(5.3) and (5.1): 

For the constant-volume cycle: 

For the constant-pressure cycle: 

For the limited-pressure cycle: 

m[(h3b - h4) - (U2 - U1) + p4 V4 - p3 V3a] 
'l'fJ,I = 

mfQLHV 

(5.14) 

(5.15) 

(5.16) 

The state of the mixture at point 1 in the cycle depends on the intake 
mixture properties and the residual gas propertles at the end of the exhaust 
stroke. 

When the exhaust valve opens at point 4, the cylinder pressure is above the 
exhaust manifold pressure and a blowdown process occurs. In the ideal exhaust 
process model, this blowdown occurs with the piston stationary at BC. During 
this blowdown process, the gas which remains inside the cylinder expands isen­
tropically. The gases escaping from the cylinder undergo an unrestrained expan­
sion or throttling process which is irreversible. It is assumed that the kinetic 
energy acquired by each gas element as it is accelerated through the exhaust 
valve is dissipated in a turbulent mixing process in the exhaust port into internal 
energy and flow work. Since it is also assumed that no heat transfer occurs, the 
enthalpy of each element of gas after it leaves the cylinder remains constant. 

These processes are illustrated on an h-s diagram in Fig. 5-3. The gas 
remaining in the cylinder expands isentropically along the line 4-5. The first 
element of gas which leaves the cylinder at point 4 enters the exhaust manifold at 
state a on the pressure = Pe line. An element that leaves the cylinder at an inter­
mediate state b on the expansion line 4-5 would enter the exhaust manifold at 
state c. At the end of the blowdown process the gas in the cylinder and the last 
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FIGURE 5-3 
Enthalpy-entropy diagram of gas state during 
exhaust process. See text for explanation. 

gas to leave ha1~e the same state-5. There is, therefore, a gradient in temperature 
within the exhausted gas. The temperature of the first element exhausted, Ya, is 
slightly less than T4 ; the temperature of the last element exhausted is T5 . 

A displac,~ment of gas out of the cylinder follows the blowdown process as 
the piston moves from BC to TC. If heat-transfer and kinetic energy dissipation 
effects are neglected, no change in thermodynamic state of the gas occurs. In this 
displacement process, the mass of gas within the cylinder at the end of the blow­
down process i:s further decreased by the ratio Ys/V6. 

The mass1 of residual gas m, in the cylinder at point 6 in the cycle is 
obtained by first determining the state of the gas (T5, v5) at the end of the blow­
down process following an isentropic expansion from p4 to Pe and then by 
reducing the cylinder volume to the clearance volume V6. The residual mass 
fractjon is thus given by 

mr VJV5 V2 
-=x,=--=­
m r, v5 

(5.17) 

The average state of the exhausted gas can be determined by considering 
the open system defined by the piston face, cylinder walls, and cylinder head, 
shown in Fig. 5-4. Applying the first law of thermodynamics for an open system 
gives 

(5.18a) 

where He is the enthalpy of the mass of gas exhausted from the cylinder. The 
average specific, exhaust enthalpy is, therefore, 

h = m4U4 - m6u6 + Pe J/;, 
e {5.18b) 

which, with p =, Pe, defines the average exhausted-gas state. 
The mixture temperature at the end of the intake stroke and at the start of 

the compression stroke (point 1 in Fig. 5-2) can now be determined, again using 
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Inlet Exhaust 

System boundary FIGURE S-4 
Definition of system boundary for thermodynamic 
analysis of ideal cycle processes. 

the open system in Fig. 5-4. Application of the first law between points 6 and 1 
gives 

or 

or 

U1 - U6 = - p1(Vi - V6) + (m1 - m6 )h1 

m1u1 - m6u6 = - p;(V1 - V6) + (m1 - m6)h, 

m1h1 = m6 h6 + (m1 - m6)hi + Vi(p, - Pe) 

where h1 is the specific enthalpy of the inlet mixture and p 1 = p; . 

(5.19a) 

(5.19b) 

(5.19c) 

Note that when p1 < Pe, part of the residual gas in the cylinder at the end of 
the exhaust stroke will flow into the intake system whe1:i the intake valve opens. 
This flow will cease when the cylinder pressure equals p, . However, provided no 
heat transfer occurs, this backflow will not affect Eqs. (5,.19) above, since the flow 
of residual through the intake valve is a constant enthalpy process. 

In many engines, the closing of the exhaust valve: and the opening of the 
intake valve overlap. Flow of exhausted gases from the exhaust system through 
the cylinder into the intake system can then occur. Eq.uations (5.18) and (5.19) 
would have to be modified to account for valve overlap. 

In the four-stroke engine cycle, work is done oin the piston during the 
intake and the exhaust processes. The work done by the cylinder gases on the 
piston during exhaust is 

~ = pe(V2 - Vi) (5.20) 

The work done by the cylinder gases on the piston during intake is 

W, = PiVi - V2) (5.21} 

The net work to the piston over the exhaust and intake strokes, the pumping 
work, is 

(5.22) 

which, for the cylinder gas system, is negative for p1 < Pe and positive for p1 > Pe, 
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The purnping mean effective pressure (pmep) is usually defined as a positive 
qoantity. Thus: 

for Pi< Pe: 

for Pi > Pe: 

pmep = Pe - P1 

pmep = p, - Pe 

The net and gross indicated mean effective pressures are related by 

imep" = imep11 - (pe - P1) 

(5.23a) 

(5.23b) 

(5.24) 

The net indicated fuel conversion efficiency is related to the gross indicated fuel 
conversion effic:iency by 

S,4 CYCLE ANALYSIS WITH 
IDEAL GAS: WORKING FLUID 
WITH cf/ AND cP CONSTANT 

(5.25) 

1f the working fluid in these ideal cycles is assumed to be an ideal gas, with cv and 
c,, constant throughout the engine operating cycle, the equations developed in the 
previous section which describe engine performance and efficiency can be further 
simplified. We will use the notation of Fig. 5-2. 

S.4.1 Consta111t-Volume Cycle 

The compression work (Eq. 5.6) becomes 

We = mc11(T1 - T2) 

The expansion work (Eq. 5.9) becomes 

W5 = mcv(T3 - T4) 

(5.26) 

(5.27) 

The deno,minator in Eq. (5.14), m1 Q1.uv, can be related to the temperature 
rise during combustion. For the working fluid model under consideration, the 
U(T) lines for lthe reactants and products on a U•T diagram such as Fig. 3-5 are 
parallel and have equal slopes, of magnitude cv. Hence, for a constant-volume 
adiabatic combustion process 

(5.28)t 

t Note that if insufficient air is available for complete combustion of the fuel, Eq. (5.28) must be 
modified, The riglnt-hand side of the equation should then be ,,. m I QLHV , where 'le is the combustion 
efficiency given by Eq. (3.27). 
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Note that the heating values at constant volume and constant pressure are the 
same for this working fluid. For c,::mvenience we wiJJ define 

Q* = m/QLHV 
m 

(5.29) 

Q* is the specific internal energy (and enthalpy) decrease, during isothermal com­
bustion, per unit mass of working fluid. 

The relation for indicated fuel conversion efficiency (Eq. 5.14) becomes 

11n = (T3 - ~() - (T2 - T1) = 1 - ¼ - Ti (5.30) 
• 1'j - T2 T3-T2 

Since 1-2 and 3-4 are isentropic processes between the same volumes, V1 and V2 , 

i = (~:r-·l = rr- 1 = (~:r-1 = i 
where y = cp/c0 • Hence : 

and Eq. (5.30) can be rearranged als 

(5.31) 

Values of,,,,, for different values of y are shown in Fig. 5-5. The indicated 
fuel conversion efficiency incre:ases with increasing compression ratio and 
decreases as y decreases. 

0.9 
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0.7 
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0.5 
'If. lg 
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0 
0 4 

.., = 1.4 -
1.3 -1.25 -

8 12 16 20 24 28 

FIGURE 5-5 
Ideal gas constant-volume cycle ruel con­
version efficiency as a function of com­
pression ratio ; y = ci,lc •. 
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The indicated mean effective pressure, using Eqs. (5.2) andl (5.31), becomes 

i:~p = (c~;J(y 1 
1)(rc ~ 1)( 1 - r1~1) (5.32) 

The dimensionless numbers rco y, and Q*/(cv T1) are sultlicient to describe 
the characteristics of the constant-volume ideal gas standard c:ycle, relative to its 
initial conditions P1, T1 • 

It is useful to compare the imep-a measure of the effectiiveness with which 
the displaced volume of the engine is used to produce work-and the maximum 
pressure in the cycle, p3 . The ratio p3/p1 can be determined from the ideal gas 
taw applied at points 2 and 3, and the relation 

T, Q• 2 = 1 + - -- (5.33) 
T2 c~T1 r~-i 

obtained from Eq. (5.28). Equations (5.32) and (5.33) then give 

(5.34) 

A high value of imep/p3 is desirable. Engine weight will increase with increasing 
p3 to withstand the increasing stresses in components. 

The indicated fuel conversion efficiency and the ratios imep/p1 and imep/p3 

for this ideal cycle model do not depend on whether the cycle is throttled or 
supercharged. However, the relationships between the working fluid properties at 
points 1 and 6 do depend on the degree of throttling or supercharging. For throt• 
tled engine operation, the residual gas mass fraction xr can be determined as 
follows. From Eq. (5.17), since state 5 corresponds to an isc:ntropic expansion 
from state 4 top= Pe• x. is given by 

(pefp4)l/y <Pef Pi)llY(pifp4)11" 
Xr= ,. 

C 

Since 

it follows that 

1 (pefp,)1/y 
X = -

,. re [1 + Q*/(cv T1 r~- 1)] 1/Y 
(5.35) 

The residual mass fraction increases as P; decreases below l'e, decreases as re 
increases, and decreases as Q*/(c., 1;) increases. 

Through a similar analysis, the temperature of the residual gas T6 can be 
determined: 

(5.36) 
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The mixture temperature at point 1 in the cycle can be related to the inlet 
mixture temperature, Ti, with Eq. (5.19). For a working fluid with c., and cP con­
stant, this equation becomes 

RT1 (Pe ) cP T1 = x,cp T6 + (1 - x,)cp Ti - - -- - 1 
re P'1 

(5.37) 

Use of Eqs. (5.36) and (5.37) leads to the relation 

Ti= 1 - x, 
7; I - 1/(;,rc)[pJpi + (y - 1)] 

(5.38) 

Extensive results for the constant-volume cycle with y = 1.4 can be found in 
Taylor.1 

S.4.2 Limited- and Constant• 
Pressure Cycles 
The constant-pressure cycle is a limited-pressure cycle with p3 = p2. For the 
limited-pressure cycle, the compression work remains 

We = mcu(T1 - T2) 

The expansion work, from Eq. (5.13), becomes 

WE = m[c.,(T3b - T4) + piv3b - V30)] 

For the combustion process, Eqs. (5.7g, h) give 

mf2-3a QLHV = mcv(T3a - T2) 

m f3a - 3b QLHV = me,,( T3b - T3Q) 

or m 1 QLHV = m[c.,(T30 - T2) + cp(T3 b - T 30)] 

for a working fluid with c., and cP constant throughout the~ cycle. 

(5.39) 

(5.40) 

(5.41a) 

(5.41b) 

(5.41c) 

Combining Eqs. (5.1), (5.3), and (5.39) to (5.41) and simplifying gives 

T4-T1 
11/ I= 1 - ---------

• (T3a - T2) + y(T3b - T31,} 

Use of the isentropic relationships for the working fluid along 1-2 and 3b-4, with 
the substitutions 

(5.42a, b) 

leads to the result 

(5.43) 

For fJ = 1 this result becomes the constant-volume cycle efficiency (Eq. 5.31). For 
ex = 1. this result gives the constant-pressure cycle efficieni::y as a special case. 
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The mean effective pressure is related to p1 and p3 via 

imep Q* ( re ) --= -- t'/11 
P1 Cu T1(Y - 1) re - 1 ' 

(5.44) 

imep 1 ( Q* )( 1 )( re ) 
P, = cxr; c., T1 y - 1 re - 1 t/J,I 

(5.45) 

S.4.3 Cycle Comparison 

The above expressions are most useful if values for y and Q*/(c., T1) are chosen to 
match real working fluid properties. Figure 5-5 has already shown the sensitivity 
of tlf.l for the c:onstant-volume cycle to the value of y chosen. In Sec. 4.4, average 
values of y11 amd Yb were determined which match real working fluid properties 
over the compression and expansion strokes, respectively. Values for a stoichio­
metric mixturn appropriate to an SI engine are y11 ~ 1.3, Yb~ 1.2. However, 
analysis of pre;ssure-volume data for real engine cycles indicates that p V", where 
,i ~ 1.3, is a good fit to the expansion stroke p-V data. 2 Heat transfer from the 
burned gases !increases the exponent above the value corresponding to 'Yb. A 
value of y = 1.3 for the entire cycle is thus a reasonable compromise. 

Q*, defi.n1ed by Eq. (5.29), is the enthalpy decrease during isothermal com­
bustion per uniit mass of working fluid. Hence 

(5.46) 

A simple appr,oximation for (maim) is (re - 1)/rc; i.e., fresh air fills the displaced 
volume and th,e residual gas fills the clearance volume at the same density. Then, 
for isooctane fuel, for a stoichiometric mixture, Q* is given by 2.92 x 106 

(rt - 1)/rc J/ kg air. For y = 1.3 and an average molecular weight M = 29.3, cv = 
946 J/kg • K. F1or T1 = 333 K, Q*J(cu T1) becomes 9.3 (re - 1)/r,. For ~his value of 
Q*/(cu T1) all CJfcles would be burning a stoichiometric mixture with an appropri­
ate residual gas fraction. 

Pressure-volume diagrams for the three ideal cycles for the same compres­
sion ratio and unburned mixture composition are shown in Fig. 5-6. For each 
cycle, y = 1.3, re= 12, Q*/(c., T1) = 9.3(rc - 1)/r, = 8.525. Overall performance 
characteristics for each of these cycles are summarized in Table 5.2. The constant­
volume cycle ltias the highest efficiency, the constant~pressure cycle the lowest 
efficiency. This can be seen from Eq. (5.43) where the term in square brackets is 
equal to unity for the constant-volume cycle and greater than unity for the 
limited- and c.;:mstant-pressure cycles. The imep values are proportional to r,1,, 
since the mass of fuel burned per cycle is the same in all three cases. 

As the pe:ak pressure p3 is decreased, the ratio of imep to p3 increases. This 
ratio jg imp&R:ant because imep is a measure of the useful pressure on the piston, 
and the maximum pressure chiefly affects the strength required of the engine 
structure. 
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FIGURE 5-6 

---- Consl.llnt volume 
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4 12 

Pressure-volume diagrams for constan t-voJume, limited-pressure, and constant-pressure ideal gas 
standard cycles. r, = 12, y = 1.3, Q•/(c. r ;) = 9.3(r, - 1)/r, = 8.525, p3J p1 = 67. 

TABLE 5.2 
Comparison of ideal cycle results 

imep 
--

'IJ., P1 

Constant volume 0.525 16.3 
Limited pressure 0.500 15.5 
Constant pressure 0.380 11.8 

i' = 1.3; r, = 12; Q*/(c. T,) ..- 8.S2S. 

imep 

p3 

0.128 
0.231 
0.466 

Pmu 

Pl 

128 
67 
25.3 
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FIGURE S-7 
Fuel conversion efficiency as a function of compression ratio, for constant-volume, constant-pressure, 
and limited-pressure ideal gas cycles. y = 1.3, Q*/(c" T1) = 9.3(r, - L)/r,. For limited-pressure cycle, 
,>3/p1 = 33, 67, 100. 

A more extensive comparison of the three cycles is given in Figs. 5-7 and 
5-8, over a range of compression ratios. For all cases y = 1.3 and Q*/(c11 T1) = 
9.3(rc - 1)/rc. At any given re, the constant-volume cycle has the highest effi­
ciency and lowest imep/p3 . For a given maximum pressure p3, the constant­
pressure cycle has the highest efficiency (and the highest compression ratio). For 
the limited-pressure cycle, at constant p3/p 1, there is little improvement in effi­
ciency and imep above a compression ratio of about 8 to 10 as re is increased. 

Example 5.1 shows how ideal cycle equations relate residual and intake 
conditions with the gas state at point 1 in the cycle. An iterative procedure is 
required if intake conditions are specified. 

Example S.1. For y = 1.3, compression ratio r e = 6, and a stoichiometric mixture 
with intake temperature 300 K, find the residual gas fraction, residual gas tem­
perature, and mixture temperature at point 1 in the constant-volume cycle for 
PelP, = 1 (unthrottled operation) and 2 {throttled operation). 
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FIGURE 5-8 
Indicated mean effective pressure (imep) divided by maximum cycle pressure (p3) as a function of 
compression ratio for constant-volume, constant-pressure, and limited-press1,1re cycles. Details same 
as Fig. 5-7. 

For a stoichiometric mixture, for isooctane, 

Q* =: QLHV = (~)(:)QLHV = ::!! (1- x,) = 2.75(1 - x,) MJfkg 

For y = 1.3, Cu = 946 J/kg ·Kand 

Q* 2.75 X 106 2910 
c

11 
T

1 
= 946T

1 
(l - x,) = Ti (l - x,) (a) 

Equations (5.35), (5.36), and (5.3·8), for re = 6 and y = 1.3, become 

1 (pJpJ0.169 
X =-

r 6 [l + Q•/(cu Ti X 60.3)]0.769 
(b) 

(c) 
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Tl 1 - xr 

300 = J - [1/(1.3 X 6)](pe/P1 + OJ) 
(d) 

A trial-and-error solution of Eqs. (a) to (d) is required. It is easiest to estimate x,, 
solve for T1 from (d'), evaluate Q*/(cu T1) from (a), and check the value of x, assumed 
with that given by (b). 

For (pe/p1) = 1 (unthrottled operation) the following solution is obtained: 

x,.= 0.044, T; = 344 K, 
Q* 

--:;:;- = 8.1, 
Cu J 1 

For (pe/P,) = 2 the following solution is obtained: 

5.5 FUEL-AIR CYCLE 
ANALYSIS 

T, = 1316 K 

T, = 1580 K 

A more accurate representation of the properties of the working fluid inside the 
engine cylinder is to treat the unburned mixture as frozen in composition and the 
burned gas mixture as in equilibrium. Values for thermodynamic properties for 
these working fluid models can be obtained with the charts for unburned and 
burned gas mixtures described in Sec. 4.5, or the computer codes summarized in 
Sec. 4.7. When these working fluid models are combined with the ideal engine 
process models in Table 5.1, the resulting cycles are called fuel-air cycles. 1 The 
sequence of processes and assumptions are (with the notation of Fig. 5-2): 

1-2 Reversible adiabatic compression of a mixture of air, fuel vapor, and 
residual gas without change in chemical composition. 

2-3 Complete combustion (at constant volume or limited pressure or con­
stant pressure)i without heat lossi to burned gases in chemical equilibrium. 

3-4 Reversible adiabatic expansion of the burned gases which remain in 
chemical equilibrium. 

4-5-6 Ideal adiabatic exhaust blowdown and displacement processes with 
the burned gases fixed in chemical composition. 

6-7-1 Ideal intake process with adiabatic mixing between residual gas and 
fresh mixture, both of which are fixed in chemical composition. -

The basic equations for each of these processes have already been presented in 
Sec. 5.3. The use of the charts for a complete engine cycle calculation will now be 
illustrated. 
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S.S.1 SI Engine Cycle Simulation 
The mixture conditions at point 1 must be known or must be estimated. The 
following approximate relationships can be used for this purpose :3 

X, = { 1 + i [rc(;:)-(;:)(y-l)/]}-l 

Ti = T, re x{::) 
(5.47) 

(5.48) 

where T, = 1400 Kand (y - 1)/y = 0.24 are appropriate average values to use for 
initial estimates. 

Given the equivalence ratio </> and initial conditiions Ti {K), p1 = Pi (Pa), 
and v1 (m3 /kg air), the state at point 2 at the end of compression through a 
volume ratio v1/v2 = r, is obtained from Eq. (4.25a) and the isentropic compres­
sion chart (Fig. 4-4). The compression work We (Jjkg a:ir) is found from Eq. (5.6} 
with the internal energy change determined from the unburned mixture chart 
(Fig. 4-3). 

The use of charts to relate the state of the burned ,mixture to the state of the 
unburned mixture prior to combustion, for adiaba1tic constant-volume and 
constant-pressure combustion, has already been illustrated in Sec. 4.5.3. 

For the constant-volume cycle, 

J/kg air (5.49) 

where u.,2 is the sensible internal energy of the unburned mixture at T2 from Fig. 
4-3 and .1.u},u is the internal energy of formation of the unburned mixture [given 
by Eq. (4.32)]. Since v3 = v2 , the burned gas state at p,oint 3 can be located on 
the appropriate burned gas chart (Figs. 4-5 to 4-9). 

For the constant-pressure cycle, 

J/kg air (5.50) 

Since p3 = p2 , the burned gas state at point 3 can be located (by iteration) on the 
high-temperature burned gas charts, as illustrated by Example 4.5. 

For the limited-pressure cycle, application of the first law to the mixture 
between states 2 and 3b gives 

h3b = U3b + p3 V3b = U2 + p3 V2 = lls2 + ~u/,u + p3 Vz J/kg air (5.51) 

Since p3 for a limited-pressure cycle is given, point 3,b can be located on the 
appropriate burned gas chart. 

The expansion process 3-4 follows an isentropic line from v3 to v4 (v4 = v1) 

on the burned mixture charts. Equation (5.9) [or (5.11) or (5.13)] now gives the 
expansion work WE. The state of the residual gas at poi.nts 5 and 6 in the cycle is 
obtained by continuing this isentropic expansion from state 4 to p =Pe . The 
residual gas temperature can be read from the equilibrium burned gas chart; the 
residual gas fraction is obtained from Eq. (5.17). If values of T, and x, were 
assumed at the start of the cycle calculation to determiine T1 , the assumed values 
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can be checked against the calculated values and an additional cycle computa­
tion carried out with the new calculat,ed values if required. The convergence is 

rapid.The indicated fuel conversion effic:iency is obtained from Eq. (5.1). The indi­
cated mean effective pressure is obtained from Eq. (5.2). The volumetric efficiency 
(see Sec. 2.10) for a four-stroke cycle engine is given by 

r'c(l - xr) ,,., = 
V1Pa,;(Tc - 1) 

(5.52) 

where Pa.i is the inlet air density (in kilo,grams per cubic meter) and v1 is the chart 
mixture specific volume (in cubic meters per kilogram of air in the original 
rnrxture). 

Example S.2. Calculate the performa1r1ce characteristics of the constant-volume fuel­
air cycle defined by the initial conditi()ns of Examples 4.2, 4.3, and 4.5. The compres­
sion ratio is 8; the fuel is isooctane amd the mixture is stoichiometric; the pressure 
and temperature inside the cylinder at the start of compression are 1 atm and 350 
K, respectively. Use the notation of Fig. 5-2a to define the states at the beginning 
and end of each process. 

Example 4.2 analyzed the comp1ression process: 

T1 = 350 K, 

T2 = 682 K, 

p1 = 101.3 kPa, 

p2 = 1.57 MPa, 

v1 = 1 rn3/kg air) 

v2 = 0.125 m3fkg air, 

Wi-2 = Wi: = - 310 k.J/kg air 

u51 = 40 kJ/kg air 

u,2 = 350 kJ/kg air 

Example 4.5 analyzed the coMtant-volume adiabatic combustion process (it 
was assumed that the residual gas fra<;tion was 0.08): 

ub3 = Uu2 = u s,u2 + &u~.u = - -5 kJ/kg air, S3 = 9.33 kJ/kg air. K 

v3 = v2 = 0.125 m3/kg air, T3 = 2825 K, p3 = 7100 k.Pa 

Example 4.3 analyzed the expamsion process. from these conditions after com­
bustion at TC, to the volume v4 at BC of 1 m3/kg air: 

T4 = 1840 K, p4 = 5'70 kPa, u4 = -1540 kl/kg air 

W3-4 = We = 1535 kJ/kg air 

To check the assumed residuail gas fraction, the constant entropy expansion 
process on the chart in Fig. 4-8 is continued rrom state 4 to the exhaust pressure p5 

of 1 atm = 101.3 kPa. This gives v5 == 4.0 m3/kg air and T5 = 1320 K. The residual 
fraction from Eq. (5.17) is 

V2 0.125 
x, =-=-- = 0.031 

Vs 4.0 

which is significantly different from the assumed value of 0.08. The combustion and 
expansion calculations are now repea.ted with the new residua] fraction of 0.031 (the 
compression process will not be cha11tged significantly and the initial temperature is 
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assumed fixed): 

ub3 = 350 - 118.2 - 2956 x 0.031 = 140 kJ/kg air 

With v3 = 0.125 m3 /kg air, Fig. 4-8 gives 

p3 = 7270 kPa, T3 = 2890 K 

Expand at constant entropy to v4 = 1 m3fkg air : 

p4 = 595 kPa, T4 = 1920 K, 1,4 = -1.457 kJ/kg air 

W3_4 = W6 = 1597 kJ/ kg air 

Continue expansion at constant entropy to the exhaust pr,essure, p5 = 1 atm: 

v5 = 4 m3/kg air, T5 = 1360 K 

Equation (5.17) now gives the residual fraction 

V2 0.125 
x, = - =--= 0.031 

Vs 4 

which agrees with the value assumed for the second iteration. 

where 

Thus 

The fuel conversion efficiency can now be calculatedl : 

Ws+ We 
t11 ,1 = 

m/QLHV 

m1 = kg fuelfkg air at state 1 = (:}1 - x,) 

1597 - 310 
'fJ ,i = 0.0661 X (1 - 0.031) X 44.4 X 103 = 0.

45 

The indicated mean effective pressure is 

or 

. WE + We 1591 - 310 
unep = .......::c-~= ----= 1470 kPa 

V., 1 - 0.125 

imep 
--= 14.6 

P1 

5.5.2 CI Engine Cycle Simulation 

With a diesel engine fuel-air cycle calculation, additional factors must be taken 
into account. The mixture during compression is air plus a small amount of 
residual gas. At point 2 liquid fuel is injected into the hot compressed air at 
temperature T2; as the fuel vaporizes and heats up, the air is cooled. For a 
constant-volume mixing process which is adiabatic overall, the mixture internal 
energy is unchanged, i.e. : 

(5.53) 
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here mr is the mass of fuel injected, u10 is the latent heat of vaporization of the 
~ el Cv.J is the specific heat at constant volume of the fuel vapor, T2 , is the 
;i,c'ture temperatture (assumed uniform) after vaporization and mixing is com­
plete, m

11 
is the mass of air used, and cv,11 is the specific heat at constant volume of 

air, Substitution of typical values for fuel and air properties gives (T2 - T2 .) ~ 

70 Kat full load. Localized cooling in a real engine will be greater. 
The limited-pressure cycle is a better approximation to the diesel engine 

than the constant-pressure or constant-volume cycles. 
Note that because nonuniformities in the fuel/air ratio exist during and 

after combustion in the CI engine, the burned gas charts which assume uniform 
composition will not be as accurate an approximation to working fluid properties 
as they are for Sl[ engines. 

s.S.3 Results 4:,f Cycle Calculations 
Extensive results, of constant-volume fuel-air cycle calculations are available.1. 3• 

4 

Efficiency is little affected by variables other than the compression ratio re and 
equivalence ratio </>. Figures 5-9 and 5-10 show the effect of variations in these 
two parameters on indicated fuel conversion efficiency and mean effective pres­
sure. From the available results, the following conclusions can be drawn; 

l. The effect of' increasing the compression ratio on efficiency at a constant 
equivalence ratio is similar to that demonstrated by the constant y constant­
volume cycle analysis (provided the appropriate value of y is used; see Fig. 
5-19). 

2. As the equiv2Llence ratio is decreased below unity (i.e., the fuel-air mixture is 
made progressively leaner than stoichiometric), the efficiency increases. This 
occurs becarnse the burned gas temperatures after combustion decrease, 
decreasing the burned gas specific heats and thereby increasing the effective 
value of y over the expansion stroke. The efficiency increases because, for a 
given volume-expansion ratio, the burned gases expand through a larger tem­
perature ratio prior to exhaust; therefore, per unit mass of fuel, the expansion 
stroke work i:s increased. 

3. As the equivalence ratio increases above unity (i.e., the mixture is made pro­
gressively richer than stoichiometric), the efficiency decreases because lack of 
sufficient air for complete oxidation of the fuel more than offsets the effect of 
decreasing b1L1rned gas temperatures which decrease the mixture's specific 
heats. 

4. The mean effective pressure, from Eq. (5.2), is proportional to the product 
</n11,1• This exhibits a maximum between <I> ~ 1.0 and cf> ~ 1.1, i.e., slightly rich 
of stoichiometric. For <I> less than the value corresponding to this maximum, 
the decreasing fuel mass per unit displaced volume more than offsets the 
increasing fuel conversion efficiency. For ¢ greater than this value, the 
decreasing fui~l conversion efficiency (due to decreasing combustion efficiency) 
more than offsets the increasing fuel mass. 
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FIGURE 5-10 

0.4 0.8 1.0 1.2 1.4 1.6 

Fuel-air cycle results for indicated 
mean effective pressure as a function 
of equivalence ratio and compres­
sion ratio. Fuel: octene; p1 = 1 atm, 
Ti = 388 K, x, •= 0.05. (From Edson 
and Taylor. 4) Fuel/air equivalence ratio <f, 

5, Variations in initial pressure, inlet temperature, residual g:as fraction, and 
atmospheric moisture fraction have only a modest effect on the fuel conver­
sion efficiency. The effects of variations in these variables on imep are more 
substantial, however, because imep depends directly on the initial charge 
density. 

6. Comparison of results from limited-pressure and constant-volume fuel-air 
cycles1 shows that placing a realistic limit on the maximum pressure reduces 
the advantages of increased compression ratio on both efficiency and imep. 

5.6 OVEREXPANDED ENGINE 
CYCLES 
The gas pressure within the cylinder of a conventional four-stroke engine at 
exhaust valve opening is greater than the exhaust pressure. The available energy 
of the cylinder gases at this point in the cycle is then dissipated in the exhaust 
blowdown process. Additional expansion within the engine cylinder would 
increase the indicated work per cycle, as shown in Fig. 5-11. where expansion 
continues beyond point 4' (the conventional ideal cycle exhaust valve opening 
point) at V4 , = re Yc to point 4 at V4 = re Yc- The exhaust stroke in this over­
expanded cycle is 4-5-6. The intake stroke is 6-1. The area 14'451! has been added 
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p 

3 

2 

P1, Pe 

FIGURE S-11 
Pressure-volume diagram fol' overexpanded engine 
cycle (1234561) and Atkinson cycle (1235*61). r, and r. 
are volumetric compression and expansion ratios, 

V respectively. 

to the conventional cycle p• V diagram area, for the same fuel input, thereby 
increasing the engine's efficiency. 

Complete expansion within the cylinder to exhaust pressure Pe (point s•) is 
called the Atkinson cycle. Unthrottled operation is shown in Fig. 5-11; throttled 
operating cycles can also be generated. Many crank and valve mechanisms have 
been proposed to achieve this additional expansion. For example, it can be 
achieved in a conventional four-stroke cycle engine by suitable choice of exhaust 
valve opening and intake valve closing positions relative to BC. If the crank 
angle between exhaust valve opening and BC on the expansion stroke is less than 
the crank angle between BC and intake valve closing on the compression stroke, 
then the actual volumetric expansion ratio is greater than the actual volumetric 
compression ratio (these actual ratios are both less than the nominal compression 
ratio with normal valve timing). 

The effect of overexpansion on efficiency can be estimated from an analysis 
of the ideal cycle shown in Fig. 5-11. An ideal gas working fluid with specific 
heats constant throughout the cycle will be assumed. The indicated work per 
cycle for the overexpanded cycle is 

(5.54) 

The isentropic relations for 1·2 and 3-4 are 

With Eq. (5.33) to relate T3 and T2• the following expression for indicated fuel 
conversion efficiency can be derived from Eqs. (5.1), (5.29), and (5.54): 

(5.55) 

where 

Note that the efficiency given by Eq. (5.55) is a function of load (via Q*), and is a 
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a,cinlUtn at maximum load. This contrasts with the ideal constant-volume cycle 
rnfficiency (Eq. (5i.31)] , which is independent of load. The ratio r Jrc for complete 
e . . b 
expansion 1s gtve:n Y 

(5.56) 

The effect of overexpansion on fuel conversion efficiency is shown in Fig. 5-12 for 
r = 4. 8, and 16 with y = 1.3. The ratio of overexpanded cycle efficiency to the 
s;andard cycle iefliciency is plotted against r. The Atkinson cycle (complete 
expansion) values are indicated by the transition from a continuous line to a 
dashed line. Significant increases in efficiency can be achieved, especially at low 
compression ratios. 

One majo1r disadvantage of this cycle is that imep and power density 
decrease significantly because only part of the total displaced volume is filled 
with fresh chargi~. From Eqs. (5.2), (5.29), and the relations Yii = Vi(re - 1)/rc and 

1/f. I 
.,,,. ,o 
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1.4 

J.2 

1.0 

FIGURE 5-12 
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Indicated fuel conversion efficiency and mean effective pressure for overexpanded engine cycle as a 
function of r ,Jr,. Efficiencies given relative to r, = r, value, T/J,IO • y = 1.3, Q*/(c. T1) = 9.3(r, - 1)/r,. 
Solid to dashed line ,transition marks the complete expansion point (Atkinson cycle). 
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p1 Vi= mRT1 it follows that imep for the overexpanded cycle is given by 

~:p = (c~;J(y 
1 

i)(re ~ i)~r., (5.57) 

Values of imep/p1 are plotted in Fig. 5-12 as a function of r( = r Jri:). The substan­
tial decrease from the standard constant-volume cycle values at r = 1 is clear. 

5.7 AVAILABILITY ANALYSIS 
OF ENGINE PROCESSES 

S. 7 .1 Availability Relationships 

Of interest in engine performance analysis is the amount of useful work that can 
be extracted from the gases within the cylinder at each point in the operating 
cycle. The problem is that of determining the maximum possible work output ( c,r 
minimum work input) when a system (the charge within the cylinder) is taken 
from one specified state to another in the presence of a specified environment (the 
atmosphere). The first and second laws of thermodynamics together define thJis 
maximum or minimum work, which is best expressed in terms of the property of 
such a system-environment combination called availability' or sometimcis 
exergy.6 • 1 

Consider the system-atmosphere combination shown in Fig. 5-13. In th:e 
absence of mass flow across the system boundary, as the system changes from 
state 1 to state 2, the first and second laws give 

W1-2 = - (U2 - U 1) + Q1.2 

Q1.2 s To(S2 - S1) 

Combining these two equations gives the total work transfer: 

(5.58) 

The work done by the system against the atmosphere is not available for pro-

AIOIC)Sphere (To, Po) 

Q ,.,. 

~ r System 
(T, p, m) 

./~ 
..,,✓ 

w 

,,. 
/. 

FIGURE 5-13 
System-atmosphere configuration for availability 
analysis. 
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ductive use. It must, therefore, be subtracted from the total work to obtain the 
useful work tran~fer: 

Wu,1-2 s - [(U 2 - U i) + Po(Vi - l'i) - To(S2 - S 1)] (5.59) 

The maximum useful work will be obtained when the final state of the system is in 
thermal and me:chanical equilibrium with the atmosphere. t The availability of 
this system which is in communication with the atmosphere 

A=U+hv - ~s ~~ 

is thus the property of the system-atmosphere combination which defines its 
capacity for useful work. The useful work such a system-atmosphere combination 
can provide, as the system changes from state 1 to state 2, is less than or equal to 
the change in availability: 

(5.61) 

When mas:s flow across the system boundary occurs, the availability associ­
ated with this mass flow is 

(5.62) 

Bis usually calle:d the steady-flow availability function. 
With thesi;: relations, an availability balance for the gas working-fluid 

system around ·the engine cycle can be carried out. For any process between 
specified end states which this system undergoes (interacting only with the 
atmosphere), the change in availability ~A is given by 

(5.63) 

The availability transfers in and out occur as a result of work transfers, heat 
transfers, and mass transfers across the system boundary. The availability trans­
fer associated witth a work transfer is equal to the work transfer. The availability 
transfer dAa associated with a heat transfer c5Q occurring when the system tem­
perature is T is ~~iven by 

dAa = oQ(t - ;) (5,64) 

since both an energy and entropy transfer occurs across the system boundary. 
The availability transfer associated with a mass transfer is given by Eq. (5.62). 

t The issue of chemical equilibrium with the atmosphere must also be considered. Attainment of 
ohetnical equilibrium with the environment requires the capacity to extract work from the partial 
pressure differences between the various species in the working fluid and the partial pressures of those 
same species in the c:nvirorunent. This would require such devices as ideal semipermeable membranes 
and efficient low input pressure, high pressure ratio, expansion devices (which are not generally avail­
able for mobile power plant systems). Inclusion of these additional steps to achieve full equilibrium 
beyond equality of tc:mperature and pressure is inappropriate. 8 
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Availability is destroyed by the ir:reversibilities that occur in any real process. The 
availability destroyed is given by 

(5.65) 

where L\Sirrev is the entropy increase associated with the irreversibilities occurring 
within the system boundary.7

• 
8 

S.7.2 Entropy Changes in Ide1al Cycles 

The ideal models of engine processes examined earlier in this chapter provide 
useful illustrative examples for a'Vailability analysis. First, however, we will con­
sider the variation in the entrop;V of the cylinder gases as they proceed through 
these ideal operating cycles. 

For an adiabatic reversible: compression process, the entropy is constant. 
For the combustion process in each of the ideal gas standard cycles, the entropy 
increase can be calculated from the relations of Eq. (4.14) (with constant specific 
heats): 

s - so = Cu In ( I) + R ln ( ;
0
) = C p ln ( I)- R ln (;

0
) 

For the constant-volume cycle: 

S3 - S
2 

= m(s3 - s2 ) = mc0 In (~D (5.66a) 

For the constant-pressure cycle: 

S3 - S
2 

= m(s3 - s
2

) = mc9 In (i) (5.66b) 

For the limited-pressure cycle: 

(5.66c} 

with a. and f3 defined by Eq. (5.42). 
Since the expansion process, after combustion is complete, is adiabatic and 

reversible, there is no further change in entropy, 3 to 4 (or 3b to 4). Figure 5-14 
shows the entropy changes that occur during each process of these three ideal 
engine operating cycles, calculate:d from the above equations, on a T-s diagram. 
The three cycles shown correspond to those of the p-V diagrams of Fig. 5-6 with 
re = 12, ')I= 1.3, and Q*/(c11 T1) = 8.525. Since the combustion process was 
assumed to be atliabatic, the ilncrease in entropy during combustion clearly 
demonstrates the irreversible nature of this process. 
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FIGURE 5-14 
Temperature-entropy diagram for ideal gas constant-volume, constant-pressure, and limited-pressure 
cycles, Assumptions 1same as in Fig. 5-6. 

S.7.3 Availability Analysis of Ideal 
Cycles 

An availability ana]ysis for each process in the ideal cycle illustrates the magni­
tude of the availabiJity transfers and where the losses in availability occur. 9 In 
general, for the :system of Fig. 5-4 in communication with an atmosphere at p0 , 

T0 as indicated in Fig. 5-13, the change in availability between states i and j 
during the portion of the cycle when the valves are closed is given by 

A
1 

- A,= m(a
1 

- a,)= m[(u
1 

- u,) + p
0
(v

1 
- v1) - To(s

1 
- si)] (5.67) 

The appropriate: normalizing quantity for these changes in availability is the 
thermomechanic:al availability of the fuel supplied to the engine cylinder each 
cycle, mA- t1g2,98)t (see Sec. 3.6.2). However, it is more convenient to use 
m.,( - ~'1298)! = m1 QLHV as the normalizing quantity since it can be re1ated to 
the temperature rise during combustion via Eq. (5.28). As shown in Table 3.3, 
these two quantitties differ by only a few percent for common hydrocarbon fuels. 
Equation (5.67), with Eq. (5.29), then becomes 

A1 - A, _ m(a1 - a1) _ a1 - a1 
m,QLHV mJQLHY Q* 

t 6g19e is the Gibbs free energy change for the combustion reaction, per unit mass of fuel. 
t 611298 is the enthalpy change for the combustion reaction. again per unit mass of fuel. 

(5.68) 

Page 221 of 966



190 fNTERNAL COMBUSTlON ENGINE FUNDAMENTALS 

The compression process is isentropic, so: 

A2 - Ai 02 - · a1 (u2 - U1) + Po(V2 - V1) - -
m/QLHV Q'~ Q* 

c., T1 
[ ( 1)] = Q* • (rl - 1) - (y - 1) 1 - re (5.69) 

where we have assumed Po= p1. The first term in the square brackets is the 
compression stroke work transJfer. The second term is the work done by the 
atmosphere on the system, whic:h is subtracted because it does not increase the 
useful work which the system.atmosphere combination can perform. 

During combustion, for tht: constant-volume cycle, the volume and internal 
energy remain unchanged (Eqs. 5i.7a, b). Thus 

(5.70) 

This loss in availability results from the increase in entropy associated with the 
irreversibilities of the combustion process. This lost or destroyed availability, as a 
fraction of the initial availability of the fuel-air mixture, decreases as the compres­
sion ratio increases (since T2 inc:reases as the compression ratio increases, T3/T-i 
decreases for fixed heat addition) and increases as Q* decreases [ e.g., when the 
mixture is made leaner; see Eq. (5.46)]. The changes in availability during com­
bustion for the constant-pressure and limited-pressure cycles are more complex 
because there is a transfer of availability out of the system equal to the expansion 
work transfer which occurs. 

For the constant-volume cycle expansion stroke: 

A4 - A3 a4 - o3 (u4 -- u
3

) + p
0
(v

4 
- v

3
) 

- -
mfQLHV Q* Q* 

The availability of the exhaust gas at state 4 relative to its availability at 
(Ti, p 1) is given by 

!:~L~: = c~~~ [ (i- 1 )- ~: ln (;:)] (5.72) 
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FIGURE S-15 
Availability of cylinder charge relative to avail­
ability at state 1 for constant-volume ideal gas 
cycle as a function of cylinder volume. Availability 
made dimensionless by m1 QLHv. Assumptions as 
in Fig. 5-6. 

The availability of the gases inside the cylinder relative to their availability 
at (T1, p1) over the compression and expansion strokes of the constant-volume 
operating cycle ~:xample used in Figs. 5-6 and 5-14 is shown in Fig. 5-15. Equa­
tions (5.69) and (5.71), with T2 and T4 replaced by temperatures intermediate 
between Tt and T2 and T3 and T4 , respectively, were used to compute the varia­
tions during compression and expansion. Table 5.3 summarizes the changes in 
availability during each process and the availability of the cylinder gases, at the 
beginning and end of each process, relative to the datum for the atmosphere 

TABLE S.3 
Availability changes in constant-volume 
cycle 

A1-A1 A, 

Process or state m,Qu,v m/QLHV 

I 1.0294 
l-2 0.0976 
2 1.1270 
2-3 -0.1710 
3 0.9560 
3-4 -0.6237 
4 0.3323 
Fuel conversion 

efficiency t/ 1,, 

Availability conversfon 
0.526 

efficiency 'la,, 0.511 

' , "' 12, y = U , Q• /(c, T1) = 8.525, T0 = 300 K, T, = 333 
K. 
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(1 atrn, 300 K). The availability at state 1 of the fuel, air, residual-gas mixture is 
(1.0286 + 0.0008)m f QLnv. 1.0286 is the ratio ( -.1g~98)/( -.1h~98) for isooctane 
(see Table 3.3). The second number, 0.0008, allows for the difference between Tt 
and T0. Because both work-transfer processes in thi,s ideal cycle case are 
reversible, the fuel conversion efficiency 111,1 is given by (A 3 - A4)/(m1 Qurv) - (A 2 

- A1)/(m1 QLHv)- It is, of course, equal to the value obtained for re= 12 and 
y = 1.3 from the formula for efficiency (Eq. 5.3 t), obtained previously. The avail­
ability conversion efficiency is 111,Jl.0286. Note that it is the availability 
destroyed during combustion, plus the inability of this ideal constant-volume 
cycle to use the availability remaining in the gas at state 4, that decrease the 
availability conversion efficiency below unity. Both these loss mechanisms 
decrease in magnitude, relative to the fuel availability, as the compression ratio 
increases. This is the fundamental reason why engine indicated efficiency 
increases with an increasing compression ratio. 

S.7.4 Effect of Equivalence Ratio 

The fuel-air cycle with its more accurate models for working fluid properties can 
be used to examine the effect of variations in the fuel/air 1equivalence ratio on the 
availability conversion efficiency. Figure 5-16 shows the t1;:mperature attained and 
the entropy rise that occurs in constant-volume combustilon of a fuel-air mixture 
of different equivalence ratios, following isentropic compression from ambient 
temperature and pressure through different volumetric compression ratios.8 The 
entropy increase is the result of irreversibilities in the c:ombustion process and 
mixing of complete combustion products with excess air. The significance of these 
combustion-related losses-the destruction of availability that occurs in this 
process-is shown in Fig. 5-17 where the availability after constant-volume com­
bustion divided by the availability of the initial fuel-air mixture is shown as a 
function of equivalence ratio for compression ratios of 12 and 36.8 The loss of 
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FIGURE S-16 
Temperature and en1lropy of combustion products 
after constant-volume combustion following isen­
tropic compression from ambient conditions 
through specified compression ratio as a functio11 

2.0 of compression ratio and equivalence ratio. (From 
Flynn et a/.8) 
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FIGURE S-17 
Availability of combustion products after 
constant-volume combustion relative to avail­
ability before combustion following isentropic 
compression from ambient through specified com­
pression ratio as a function of equivalence ratio. 
(From Flynn et a/.8) 

availability incre:ases as the equivalence ratio decreases.t The combustion loss is 
a stronger function of the rise in temperature and pressure which occurs than of 
the change in the specific heat ratio that occurs. 

Why then does engine efficiency increase with a decreasing equivalence 
ratio as shown in Fig. 5-9? The reason is that the expansion stroke work transfer, 
as a fraction of the fuel availability, increases as the equivalence ratio decreases; 
hence, the availability lost in the exhaust process, again expressed as a fraction of 
the fuel availabillity, decreases. The increase in the expansion stroke work as the 
equivalence ratio decreases more than offsets the increase in the availability Jost 
during combustion; so the availability conversion efficiency ( or the fuel conver­
sion efficiency wbich closely approximates it) increases. 

5,8 COMPAJIUSON WITH REAL 
ENGINE CYCLES 

To put these id1eal models of engine processes in perspective, this chapter will 
conclude with a brief discussion of the additional effects which are important in 
real engine processes. 

A compadison of a real engine p-V diagram over the compression and 
expansion strokes with an equivalent fuel-air cycle analysis is shown in Fig. 
5-18.4 The real •:mgine and the fuel-air cycle have the same geometric compres­
sion ratio, fuel chemical composition and equivalence ratio, residual fraction and 
mixture density before compression. Midway through the compression stroke, 

t This is consistent with the ideal gas standard cycle result (Eq. 5.70). As 4> decreases, so does 
Q*/(c. Tl). The factor which multiplies the natural logarithm (which increases} has a greater impact 
than the logarithmic term (which decreases), 
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FIGURE S-18 
Pressure-volume diagram for actual spark-ignition 
engine compared with that for equivalent fuel-air 
cycle. r< = 11. (From Edson and Taylor.") 

the pressure in the fuel-air cycle has been made equal to the real cycle pressure. t 
The compression stroke pressures for the two cycles essentially coincide. Modest 
differences in pressure during intake and the early part of the compression 
process result from the pressure drop across the intake valve during the intake 
process and the closing of the intake valve 40 to 60° after BC in the real engine. 
The expansion stroke pressures for the engine fall below the fuel-air cycle pres­
sures for the following reasons: (1) heat transfer from the burned gases to the 
walls; (2) finite time required to burn the charge; (3) exhaust blowdown loss due 
to opening the exhaust valve before BC; (4) gas flow into crevice regions and 
leakage past the piston rings; (5) incomplete combustion of the charge. 

These differences, in decreasing order of importance, are described below. 
Together, they contribute to the enclosed area on the p-V diagram for a properly 
adjusted engine with optimum timing being about 80 percent of the enclosed 
area of an equivalent fuel-air cycle p-V diagram. The indicated fuel conversion or 
availability conversion efficiency of the actual engine is therefore about 0.8 times 
the efficiency calculated for the fuel-air cycle. 1 Use is often made of this ratio to 
estimate the performance of actual engines from fuel-air cycle results. 

1. Heat transfer. Heat transfer from the unburned mixture to the cylinder walls 
has a negligible effect on the p-V line for the compression process. Heat trans­
fer from the burned gases is much more important (see Chap. 12). Due to heat 
transfer during combustion, the pressure at the end of combustion in the real 

t Note that in the fuel-air cycle with idealized valve timing, the compression process starts imme~ 
diately after BC. In most engines, the charge compression starts later, close to the time that the inlet 
valve closes some 40 to 60° after BC. This matching process is approximate. 
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cycle will be lower, During expansion, heat transfer will cause the gas pressure 
in the real cycle to fall below an isentropic expansion line~ as the volume 
increases. A decrease in efficiency results from this beat loss. 

z Finite combustion time. In an SI engine with spark-timiing adjusted for 
• optimum efficiency, combustion typically starts 10 to 40 crauk angle degrees 

before TC, is half complete at about 10° after TC, and is ess<::ntially complete 
30 to 40° after TC. Peak pressure occurs at about 15° after TC (see Fig. 1-8). 
In a diesel engine, the burning process starts shortly before TC. The pressure 
rises rapidly to a peak some 5 to 10° after TC since the initial rate of burning 
is fast. However, the final stages of burning are much slower, and combustion 
continues until 40 to 50° after TC (see Fig. 1-15). Thus, the peak pressure in 
the engine is substantially below the fuel-air cycle peak pressure value, because 
combustion continues until well after TC, when the cylinder volume is much 
greater than the clearance volume. After peak pressure. expansion stroke pres­
sures in the engine are higher than fuel-air cycle values in the absence of other 
toss mechanisms, because less work has been extracted from the cylinder 
gases. A comparison of the constant-volume and limited-p1ressure cycles in 
Fig. 5-6 demonstrates this point. 

For spark or fuel-injection timing which is retarded from the optimum 
for maximum efficiency, the peak pressure in the real cycle will be lower, and 
expansion stroke pressures after the peak pressure will be higher than in the 
optimum timing cycle. 

3. Exhaust blowdown loss. In the real engine operating cycle, the exhaust valve is 
opened some 60° before BC to reduce the pressure during the first part of the 
exhaust stroke in four-stroke engines and to allow time for scavenging in two­
stroke engines. The gas pressure at the end of the expansion stroke is therefore 
reduced below the isentropic line. A decrease in expansion-stroke work trans­
fer results. 

4. Crevice effects and leakage. As the cylinder pressure increases, gas flows into 
crevices such as the regions between the piston. piston rings, and cylinder wall. 
These crevice regions can comprise a few percent of the clearance volume. 
This flow reduces the mass in the volume above the piston crown, and this 
flow is cooled by heat transfer to the crevice walls. In premixed charge 
engines, some of this gas is unburned and some of it will not burn. Though 
much of this gas returns to the cylinder later in the expansion, a fraction, from 
behind and between the piston rings, flows into the crankcase. However, 
leakage in a well"designed and maintained engine is small (u1sually less than 
one percent of the charge). All these effects reduce the cylinde1r pressure during 
the latter stages of compression, during combustion, and during expansion 
below the value that would result if crevice and leakage effects, were absent. 

5. Incomplete combustion. Combustion of the cylinder charge is incomplete; the 
exhaust gases contain combustible species. For example. in spark-ignition 
engines the hydrocarbon emissions from a warmed-up engilne (which come 
largely from the crevice regions) are 2 to 3 percent of the fuel mass under 
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normal operating conditions ; carbon monoxide and hydrogen in the exhaust 
contain an additional 1 to 2 percent or more of the fuel energy, even with 
excess air present (see Sec. 4.9). Hence, the chemical energy of the fuel which is 
released in the actual engine is about 5 percent less than the chemical energy 
of the fuel inducted (the combustion efficiency, see Sec. 3.5.5, is about 95 
percent). The fuel-air cycle pressures after combustion will be higher because 
complete combustion is assumed. In diesel engines, the combustion ineffi­
ciency is usually Jess, about 1 to 2 percent, so this effect is smaller. 

SUMMARY. The effect of all these loss mechanisms on engine efficiency is best 
defined by an availability balance for the real engine cycle. A limited number of 
such calculations have been published (e.g., Refs. 8, 10, and 11). Table 5.4 shows 
the magnitude of the loss in availability (as a fraction of the initial availability) 
that occurs due to real cycle effects in a typical naturally aspirated diesel 
engine.10 The combustion and exhaust losses are present in the ideal cycle 
models also (they are smaller, however9). The loss in availability due to heat 
losses, fl.ow or aerodynamic losses, and mechanical friction are real engine effects. 

Figure 5. 19 shows standard and fuel-air cycle efficiencies as a function of 
the compression ratio compared with engine indicated efficiency data. The top 
three sets of engine data are for the best efficiency air/fuel ratio. Differences in the 
data are in part due to different fuels [(12) isooctane; (13) gasoline; (14) propane] 
which affect efficiency slightly through their different composition and heating 
values (see Table D.4). They also result from different combustion chamber 
shapes which affect the combustion rate and heat transfer. The trends in the data 
with increasing compression ratio and the ¢ = 0.8 fuel-air cycle curve (whlch 
corresponds approximately to the actual air/fuel ratios used) are similar. The 
factor of 0.8 relating real engine and fuel-air cycle efficiencies holds roughly. At 
compression ratios above about 14, however, the data show that the indicated 
efficiency of actual engines is essentially constant. Increasing crevice and heat 

TABLE 5.4 
Availability losses in naturally aspi­
rated diesel 

Loss mechanism 

Combustion 
Exhaust 
Heat transfer 
Aerodynamic 
Mechanical friction 
Total losses 
A vailahility conversion 

efficiency (brake) 

Source: Traupel. 10 

Loss, fraction of 
fuel anilability 

0.225 
0.144 
0.135 
0.047 
0.048 
0.599 
0.401 
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Indicated fuel conv«irsion efficiency as a function of compression ratio for ideal gas constant-volume 
cycle (dashed lines, i' = 1.25, 1.3, 1.4) and fuel-air cycle (solid lines, <J, = 0.4, 0.8, 1.0). Also shown are 
available engine dat.a for equivalence ratios given: best efficiency <j,; 12

-
14 tj, = 1.14 

losses offset the calculated ideal cycle efficiency increase as the compression ratio 
is raised above this value. The standard ideal gas cycle analysis results, with an 
appropriate choice for the value of y (1.25 to 1.3), correspond closely to the fuel­
air cycle analysis results. 

The ideal ,cycle provides a convenient but crude approximation to the real 
engine operating cycle. It is useful for illustrating the thermodynamic aspects of 
engine operatio10. It can also provide approximate estimates of trends as major 
engine parametc~rs change. The weakest link in these ideal cycles is the modeling 
of the combustfon processes in SI and CI engines. None of the models examined 
in this chapter are sufficiently close to reality to provide accurate predictions of 
engine perform~mce. More sophisticated models of the spark-ignition and diesel 
engine operating cycles have been developed and are the subject of Chap. 14. 
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PROBLEMS 

5.1. Many diesel engines can be ap1proximated by a limited-pressure cycle. In a limited­
pressure cycle, a fraction of the fuel is burnt at constant volume and the remaining 
fuel is burnt at constant pressu:re. Use this cycle approximation with ')I = c,,Jc., = l.3 
to analyze the following problem: 

Inlet conditions: 
Compression ratio; 
Heat added duting combustion: 
Overall fue1/air ratio : 

p, = LO bar, T 1 = 289K 
15 ; 1 
43,000 kJ/kg of fuel 
0.045 kg fueljkg air 

(a) Half of the fuel is burnt at c,onstant volume, then half at constant pressure. Draw 
a p-V iliagram and compute the fuel conversion efficiency of the cycle. 

(b) Compare the efficiency andl peak pressure of the cycle with the efficiency and 
peak pressure that would be obtained if all of the fuel were burnt at constant 
pressure or at constant volume. 

S.2. It is desired to increase the output of a spark-ignition engine by either (1) raising the 
compression ratio from 8 lo 10 or (2) increasing the inlet pressure from LO atm to 
L5 atm. Using the constant-vc,tume cycle as a model for engine operation, which 
procedure will give: 
(a) The highest pressure of the cycle? 
(b) The highest efficiency? 
(c) The highest mep? 
Assume ')' = 1.3 and (m1 QHv)/(mc0 T1} = 9.3(r, - 1)/r, . 

5.3. When a diesel engine, originally designed to be naturally aspirated, is turbocharged 
the fuel/air equivalence ratio ¢ at fuJI load must be reduced to maintain the 
maximum cylinder pressure es:sentially constant. If the naturally aspirated engine 
was designed for <b = 0.15 at full) load, estimate the maximum permissible value of <J, 
for the turbocharged engine at full load if the air pressure at the engine inlet is 1.6 
atm. Assume that the engine can be modeled with the limited-pressure cycle, w.ith 
half the injected foel burned at constant volume and half at constant pressure. The 
compression ratio is J 6. The fuel beating value is 42.5 MJ/kg fuel. Assume y = 
c,,Jcu = 1.35, that the air temperature at the start of compression is 325 K, and 
(F / A)s,oich = 0.0666. 

5.4. A spark-ignition engine is throttled when operating at part load (the inlet pressure is 
reduced) while the fuel/air ratio is held essentially constant. Part-load operation of 
the engine is modeled by the cycle shown in Fig. 5-2d; the inlet air is at pressure p1, 

the exhaust pressure is atmospheric Pa , and the ambient temperature is T,,. Derive an 
expression for the decrease in net indicated fuel conversion efficiency due to throt­
tling from the ideal constant-volume cycle efficiency and show that it is proportional 
to (pjp 1 - 1). Assume mass fuel ~ mass air. 

5.5. (a) Use the ideal gas cycle with constant-volume combustion to describe the oper­
ation of an SI engine with a compression ratio of 9, Find the pressure and tem­
perature at points 2, 3, 4, and 5 on Fig. 5-2a. Assume a pressure of 100 kPa and a 
temperature of 320 Kat poiint l. Assume m1/m = 0.06, c11 = 946 Jfkg· K, y = 1.3. 
QLHV for gasoline is 44 MJ /kg. 

(b) Find the indicated fuel conversion efficiency and imep for this engine under these 
operating conditions. 
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5 6
. u se a limite:d-pressure cycle analysis to obtain a plot of i.ndicated fuel conversion 

• efficiency versus p3/p1 for a compression ratio of 15 with Ught diesel oil as fuel. 
Assume mJ!m = 0.04, T 1 = 45°C. Use )I = 1.3 and c0 = 946 J/kg • K. 

S.7. Explain why constant-volume combustion gives a higher indicated fuel conversion 
efficiency than constant-pressure combustion for the same compression ratio. 

s.8, Two engines are running at a bmep of 250 kPa. One is an SJ engine with the throttle 
partially closed to maintain the correct load. The second engine is a naturally aspi­
rated CI eng;ine which requires no throttle. Mechanical friction mep for both engines 
is 100 kPa. If the intake manifold pressures for the SJ and CI engines are 25 kPa and 
100 kPa respectively, and both exhaust manifold pressures are 105 kPa, use an ideal 
cycle model to estimate and compare the gross imep of the two engines. You may 
neglect the p,ressure drop across the valves during the intake and exhaust processes. 

5.9. (a) Plot net imep versus p1 for 20 kPa < p1 < 100 kPa for a constant-volume cycle 
using the following conditions: m rim = 0.06, T 1 = 40°C, c. = 946 J/kg • K, 
y = 1.3, r, = 9.5, Qu1v = 44 MJ/kg fuel. Assume p,, = 100 kPa. 

(b) What additional information is necessary to draw a similar plot for the engine's 
indicated! torque, and indicated power? 

s.tO. (a) Draw a diagram similar to those in Fig. 5•2 for a supercharged cycle with 
constant••pressu.re combustion. 

(b} Use the ideal gas cycle with constant-pressure combustion to model an engine 
with a compression ratio of 14 through such a supercharged cycle. Find the 
pressure and temperature at points corresponding to 2, 3, 4, and 5 in Fig. 5-2. 
Assume :a pressure of 200 kPa and temperature of 325 K at po.int l, and a pres­
sure of ttOO kPa at points 5 and 6. m1/m = 0.03 and the fuel is a light diesel oil. 

(c) Calculate the gross and net indicated fuel conversion efficiency and imep for this 
engine u111der these operating conditions. 

5.11. Use the appropriate tables and charts to carry out a constant-pressure fuel-air cycle 
calculation for the supercharged engine described in Prob. 5.10, Assume the same 
initial conditions at point 1, with <f, = 0.4 and a residual gas fraction of 0.025. A 
single cycle calculation is sufficient. 
(a) Determine the pressure and temperature at points 2, 3, 4, and 5. Calculate the 

compression stroke, expansion stroke, and pumping work per cycle per kg air. 
(b} Find the gross and net indicated fuel conversion efficiency and imep. 
(c) Compan: the calculated residual gas fraction with the assumed value of 0.025. 

5.12. One method proposed for reducing tbe pumping work in throttled spark-ignition 
engines is e,arly intake valve closing (EIVC). The ideal cycle p-V diagram shown 
illustrates the concept. The EIVC cycle is 1-2-3-4-5-6-7•8-1 (the conventional throt­
tled cycle is 1-2-3-4-5-6-7"'-1). With EIVC, the inlet manifold is held at a pressure Pi 
(which is higher than the normal engine intake pressure, pr), and the inlet valve is 
closed duriflg the inlet stroke at 8. The trapped fresh charge and residual is then 
expanded to the normal cycle (lower) intake pressure, pr, You can assume that both 
cycles have the same mass of gas in the cylinder, temperature, and pressure at state 1 
of the cycle. 
(a) On a sk1etch of the intake and exhaust process p-V diagram, shade in the area 

that corresponds to the difference between the pumping work of the EIVC cycle 
and that of the normal cycle. 

(b) What va.lue of p1 and V81vc will give the maximum reduction in pumping work 
for the EtVC cycle. 
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(c) Derive an expression for this maximum difference in pumping work between the 
normal cycle and the EIVC cycle in terms of Pu pf, ~, and V,,. . You can make 
the appropriate ideal cycle assumptions. 

5.13. Calc:ulate the following parameters for a constant-volume fuel-air cycle (Fig. S-2a): 
(a) The pressures and temperatures at states 1, 2, 3, 4, 5, and 6 
(b) The indicated fuel conversion efficiency 
(c) 1rhe imep 
(d) The residual fraction 
(e) 1rhe volumetric efficiency 

folet pressure = 1 atm, exhaust pressure = 1 atm, inlet temperature = 300 K, 
c:ompression ratio = 8 : 1, equivalence ratio = q, = 1. 

Calc:u)ate the above parameters (points a-e) using the SI units charts. Use 44.4 
MJ/kg for heating value of the fuel. Hint: Start the calculations using the residual 
mas1s fraction 0.03 and the residual gas temperature 1370 K. 

5.14. The cycle 1-2•3-4-5-6-1 is a conventional constant-volume fuel-air cycle with a com­
pres:sion ratio of 8. The fuel is isooctane, C8H 18 , with a lower heating value of 
44.4 MJ/kg. The gas state at 1 is T1 = 300 K, p1 = 1 atmosphere with an equivalence 
ratio of 1.0 and zero residual fraction. The specific volume at state 1 is 0.9 m3/kg air 
in th1e mixture. The temperature at the end of compression at state 2 is 600 K. 
(a) Find the indicated fuel conversion efficiency and mean effective pressure of this 

fuel-air cycle model of a spark-ignition engine. 
(b) 1fhe efficiency of the cycle can be increased by increasing the expansion ratio r. 

while maintaining the same compression ratio re (cycle 1-2-3-4A-5A•6-1). (This 

p 
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can be done with valve timing.) If the expansion ratio re is 12, while the compres­
sion ratio and other details of the cycle remain the same as in (a), what is the 
indicated efficiency and mean effective pressure (based on the new, larger, dis­
placed volume) of this new engine cycle? 

S.15, In spark~ignition engines, exhaust gas is recycled to the intake at part load to reduce 
the peak burned gas temperatures and lower emissions of nitrogen oxides. 
(a) Calculate the reduction in burnec;i gas temperature that occurs when, due to 

exhaust gas recycle, the burned gas fraction in the unburned gas mixture (xb) 
inside the cylinder is increased from 10 percent (the normal residual fraction) to 
30 percent. Assume combustion occurs at top-center, at constant volume, and is 
adiabatic. Conditions at the end of compression for both cases are: T = 700 K, 
p = 1000 kPa, v = 0,2 m3jkg air in the original mixture; the equivalence ratio is 
1.0. The fuel can be modeled as isooctane. 

(b) The compression ratio is 8. The compression stroke work is 300 kJ/kg air in the 
original mixture. Find the indicated work per cycle for the compression and 
expansion strokes, per kilogram of air in the original mixture, for these two cases. 

(c) Briefly explain how you would increase the work per cycle with 30 percent 
burned gas fraction in the unburned mixture to the value obtained with 10 
percent burned gas fraction, with fixed engine geometry. (A qualitative answer, 
only, is required here.) 

5.16. The following cycle has been proposed for improving the operation of a four-stroke 
cycle engine. Its aim is to expand the postcombustion cylinder gases to a lower 
pressure and temperature by extending the expansion stroke, and hence extract more 
work per cycle. 

The cycle consists of: (1) an intake stroke; (2) a compression stroke, where the 
inlet valve remains open (and the cylinder pressure is constant) for the first portion 
of the stroke; (3) a combustion process, which occurs rapid]y close to top-center; (4) 
an expansion stroke, where the exhaust valve remains closed until the end of the 
stroke; (5) an exhaust stroke, where the cylinder pressure blows down to the exhaust 
pressure rapidly and most of the remaining combustion products are expelled as the 
piston moves from the BC to the TC position. Thus, for this engine concept, the 
compression ratio r, (ratio of cylinder volume at inlet valve closing to clearance 
volume) is less than the expansion ratio r" (ratio of cylinder volume at exhaust valve 
opening to clearance volume). 
(a) Sketch a p-V diagram for the cylinder gases for this cycle operating untbrottled. 
(b) Using the charts in SI units developed for fuel-air cycle calculations, carry out an 

analysis of an appropriate ideal model for this cycle where the compression ratio 
re is 8 and the expansion ratio r e is (1) 8; (2) 16. Assume the following: 

Pressure in the cyJinder at inlet valve close 1 atm 
Mixture temperature at inlet valve close 300 K 
Mixture equivalence ratio = 1.0 
Fuel : isooctane C 8H 18 

Lower beating value= 44.4 MJ/kg 
Residual gas mass fraction at inlet valve close 0.05 
Stoichiometric fue)/air ratio = 0.066 

Calculate the indicated work per cycle per kg of air in the original mixture (the 
standard chart units) and the indicated mean effective pressure for these two 
expansion ratios. Base the mean effective pressure on the volume displaced by 

Page 233 of 966



202 INTERNAL COMBUSTION ENGINE FUNDAM ENTALS 

the piston during the expansion stroke. Tabulate your answers. (Note: You are 
given the initial conditions for the cycle calculation; changing the value of r e 

requires only modest changes in the cycle calculation.) 
(c) Comment briefly on the effect of increasing the ratio r elrc above 1.0 with this 

concept on engine efficiency and specific power (power per unit engine weight). 
Additional calculations are not required. 

5.17. In a direct-injection stratified-charge (DISC) engine fuel is injected into the engine 
cylinder just before top-center (like a diesel); a spark discharge is then used to initi­
ate the combustion process. A four-stroke cycle version of this engine has a displaced 
volume of 2.5 liters and a compression ratio of 12. At high load, the inlet pressure is 
boosted by a compressor to above atmospheric pressure. The compressor is geared 
directly to the engine drive shaft. The exhaust pressure is 1 atm. This DISC engine is 
to replace an equal displacement conventional naturally aspirated spark-ignition (SI) 
engine, which bas a compression ratio of 8. 
(a) Draw qualitative sketches of the appropriate constant-volume ideal cycle 

pressure-volume diagrams for the complete operating cycles for these two 
engines at maximum load. 

(b) Use available fuel-air results to estimate how much the DISC engine inlet pres­
sure must be boosted above atmospheric pressure by the compressor to provide 
the same maximum gross indicated power as the naturally aspirated SI engine. 
The SI engine operates with an equivalence ratio or 1.2; the DISC engine is 
limited by smoke emissions to a maximum equivalence ratio of 0.7. 

(c) Under these conditions, will the brake powers of these engines be the same, given 
that the mechanical rubbing friction is the same? Briefly explain. 

(d) At part load1 the SI engine operates at an equivalence ratio of 1.0 and inlet 
pressure of 0.5 atm. At part load the DISC engine has negligible boost and 
operates with an inlet pressure of 1.0 atm. Use fuel-air cycle results to determine 
the equivalence ratio at which the DISC engine must be operated to provide the 
same net indicated mean effectlve pressure as the SI engine. What is the ratio of 
DlSC engine net indicated fuel conversion efficiency to SI engine efficiency at 
these conditions? 

5.18. The earliest successful reciprocating internal combustion engine was an engine devel­
oped by Lenoir in the 1860s. The operating cycle of this engine consisted of two 
strokes (i.e., one crankshaft revolution). During the first half of the first stroke, as the 
piston moves away from its top-center position, fuel-air mixture is drawn into the 
cylinder through the inlet valve. When half the total cylinder volume is filled with 
fresh mixture, the inlet valve is closed. The mixture is then ignited and burns rapidly. 
During the second half of the first stroke, power is delivered from the high-pressure 
burned gases to the piston. With the piston in its bottom-center position, the exhaust 
valve is opened. The second stroke, the exhaust stroke, completes the cycle as the 
piston returns to top-center. 
(a) Sketch a cylinder pressure versus cylinder volume diagram for this engine. 
(b) Using the charts in SI units developed for fuel-air cycle calculations, carry out a 

cycle analysis and determine the indicated fuel conversion efficiency and mean 
effective pressure for the Lenoir engine. Assume the following: 

Inlet pressure = 1 atm 
Inlet mixture temperature = 300 K 
Mixture equjvalence ratio= 1.0 
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Fuel : isooctane C8H18 

Lower heating value= 44.4 MJ/kg 
Clearance volume negligible 
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(c) Compare these values with typical values for the constant-volume fuel-air cycle. 
Explain (with thermodynamic arguments) why the two cycles have such different 
indicated mean effective pressures and efficiencies. 

(d) Explain briefly why the real Lenoir engine would have a lower efficiency than the 
value you calculated in (b) (the actual brake fuel conversion efficiency of the 
engine was about 5 percent). 

5.19, Estimate from fuel-air cycle results the indicated fuel conversion efficiency, the indi­
cated mean effective pressure, and the maximum indicated power (in kilowatts) at 
wide-open throttle of these two four-stroke cycle spark-ignition engines: 

A six-cylinder engine with a 9.2-cm bore, 9-cm stroke, compression ratio of 7, 
operated at an equivalence ratio of 0.8 
A six-cylinder engine with an 8.3-cm bore, 8-cm stroke, compression ratio of 
10, operated at an equivalence ratio of 1.1 

Assume that actual indicated engine efficiency is 0.8 times the appropriate fuel-air 
cycle efficiency. The inlet manifold pressure is dose to t atmosphere. The maximum 
permitted value of the mean piston speed is 15 m/s. Briefly summarize the reasons 
why: 
(a) The efficiency of these two engines is approximately the same despite their differ­

ent compression ratios. 
(b) The maximum power of the smaller displacement engine is approximately the 

same as that of the larger displacement engine. 

5.20. The constant-volume combustion fuel .air cycle model can be used to estimate the 
effect of changes in internal combustion engine design and operating variables on 
engine efficiency. The following table gives the major differences between a diesel and 
a spark•ignition engine both operating at half maximum power. 

Diesel Spark-ignition 
engine engine 

Compression ratio 16 : 1 9 : 1 
Fuel/air equivalence ratio 0.4 1.0 
Inlet manifold pressure 1 atm 0.5 atm 

(a) Use the graphs of fuel-air cycle resuJts (Figs. 5-9 and 5-10) to estimate the ratio of 
the diesel engine brake fuel conversion efficiency to the spark-ignition engine 
brake fuel conversion efficiency. 

(b) Estimate what percentage of the higher diesel brake fuel conversion efficiency 
comes from: 
(1) The higher diesel compression ratio 
(2) The leaner diesel equivalence ratio 
(3) The Jack of intake throttling in the diesel compared with the spark-ignition 

engine 
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The values of fue] conversfon efficiency and mean ellfective pressure given in 
the graphs are gross indicated values (i.e., values obtainc:d from J p dV over the 
compression and expansion strokes only). 

You may assume, if necessary, that for the real enaines, the gross indicated 
efficiency and gross indicated mean effective pressure are 0 .. 8 times the fuel-air cycle 
values. Also, the mechanical rubbing friction for each enginie is 30 percent of the net 
indicated power or mep. 
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CHAPTER 

6 
GAS 

EXCHANGE 
PROCESSES 

This chapter deals with the fundamentals of the gas exchange processes- intake 
and exhaust in four-stroke cycle engines and scavenging in two-stroke cycle 
engines. The purpose of the exhaust and inlet processes or of the scavenging 
process is to remove the burned gases at the end of the power stroke and admit 
the fresh cbarg;e for the next cycle. Equation (2.38) shows that the indicated 
power of an internal combustion engine at a given speed is proportional to the 
mass flow rate of air. Thus, inducting the maximum air mass at wide-open throt­
tle or full load ~md retaining that mass within the cylinder is the primary goal of 
the gas exchang:e processes. Engine gas exchange processes are characterized by 
overall parametiers such as volumetric efficiency (for four-stroke cycles), and scav­
enging efficiency and trapping efficiency {for two-stroke cycles). These overall 
parameters depcmd on the design of engine subsystems such as manifolds, valves. 
and ports, as we:11 as engine operating conditions. Thus, the flow through individ­
ual component~1 in the engine intake and exhaust system has been extensively 
studied also. Su1percharging and turbocharging are used to increase air flow 
through engines, and hence power density. Obviously, whether the engine is natu­
rally aspirated or supercharged (or turbocharged) significantly affects the gas 
exchange processes. The above topics are the subject of this chapter. 

F or spark-ignition engines, the fresh charge is fuel, air, and (if used for 
emission contrail) recycled exhaust, so mixture preparation is also an important 

205 
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goal of the intake process. Mixture preparation includes both achieving the 
appropriate mixture composition and achieving equal distribution of air, fuel 

'· and recycled exhaust amongst the different cylinders. In diesels, only air (or air 
plus recycled exhaust) is inducted. Mixture preparation and manifold flow 
phenomena are discussed in Chap. 7. A third goal of tbie gas exchange processes 
is to set up the flow field within the engine cylinders th.at will give a fast-enough 
combustion process for satisfactory engine operation. In-cylinder flows are the 
subject of Chap. 8. 

6.1 INLET AND EXHAUST PROCESSES 
IN THE FOUR-STROKE CYCLE 

In a spark-ignition engine, the intake system typically consists of an air filter, a 
carburetor and throttle or fuel injector and throttle 01· throttle with individual 
fuel injectors in each intake port, and intake manifold. During the induction 
process, pressure losses occur as the mixture passes through or by each of these 
components. There is an additional pressure drop across the intake port and 
valve. The exhaust system typically consists of an exhaust manifold, exhaust pipe, 
often a catalytic converter for emission control, and a muffler or silencer. Figure 
6-1 illustrates the intake and exhaust gas flow processes in a conventional spark­
ignition engine. These flows are pulsating. However, mamy aspects of these flows 
can be analysed on a quasi-steady basis, and the pressur'es indicated in the intake 
system in Fig. 6-la represent time-averaged values for a multicylinder engine. 

The drop in pressure along the intake system depe:nds on engine speed, the 
flow resistance of the elements in the system, the cros1s-sectional area through 
which the fresh charge moves, and the charge density. Figure 6-ld shows the inlet 
and exhaust valve lifts versus crank angle. The usual practice is to extend the 
valve open phases beyond the intake and exhaust strokes to improve emptying 
and charging of the cylinders and make the best use of 1the inertia of the gases in 
the intake and exhaust systems. The exhaust process usually begins 40 to 60° 
before BC. Until about BC the burned cylinder gases are discharged due to the 
pressure difference between the cylinder and the exhautst system. After BC, the 
cylinder is scavenged by the piston as it moves toward TC. The terms blowdown 
and displacement are used to denote these two phases of the exhaust process. 
Typically, the exhaust valve closes 15 to 30° after TC and the inlet valve opens 10 
to 20° before TC. Both valves are open during an overlap period, and when 
pJpe < 1, back.flow of exhausted gas into the cylinder and of cylinder gases into 
the intake will usually occur. The advantage of valve overlap occurs at high 
engine speeds when the longer valve-open periods imprnve volumetric efficiency. 
As the piston moves past TC and the cylinder pressure falls below the intake 
pressure, gas flows from the intake into the cylinder. The intake valve remains 
open until 50 to 70° after BC so that fresh charge may ,continue to flow into the 
cylinder after BC. 

In a diesel engine intake system, the carburetor or EFI system and the 
throttle plate are absent. Diesel engines are more frequently turbocharged. A 
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Intake and exhaust processes for four-stroke cycle spark-ignition engine: (a) intake system and aver­
age pressures within it; (b) valve timing and pressure-volume diagrams; (c) exhaust system; (d) cylin­
der pressure p and valve lift L~ versus crank angle 8. Solid lines are for wide-open throttle, dashed 
lines for part throttle; p0, T0, atmospheric conditions; t:.p.1, = pressure losses in air cleaner; Ap. = 
intake losses upstream of throttle; t:.p1b, = losses across throttle; t:.P .. iv• = losses across the intake 
valve.1 
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FIGURE 6-2 
Intake and exhaust process for turbocharged four-stroke cycle engine. The turbocharger compressor 
C raises air pressure and temperature from ambient p

0

, T
0 

to p
1

• T,. Cylinder pressure during intake 
is less than p, . During exhaust, the cylinder gases flow through the ex;baust manifold to the turbo­
charger turbine T. Manifold pressure p. may vary during the exhaust p1rocess and lies between cylin­
der pressure and ambient.1 

similar set of diagrams illustrating the intake and exhaust processes for a turbo­
charged four-stroke diesel is shown in Fig. 6-2. When the exhaust valve opens, 
the burned cylinder gases are fed to a turbine which drives a compressor which 
compresses the air prior to entry to the cylinder. 

Due to the time-varying valve open area and cylinder volume, gas inertia 
effects, and wave propagation in the intake and exhaust systems, the pressures in 
the intake, the cylinder, and the exhaust during these gas exchange processes vary 
in a complicated way. Analytical calculation of these prncesses is difficult (see 
Secs. 7.6.2 and 14.3 for a review of available methods). In ]practice, these processes 
are often treated empirically using overall parameters such as volumetric effi­
ciency to define intake and exhaust system performance. 
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6,2 VOLUMETRIC EFFICIENCY 

-Volurnetric efficiency is used as an overall measure of the effectiveness of a four­
stroke cycle engine and its intake and exhaust systems as an air pumping device. 
n is defined [see Sec. 2.10, Eq. (2.27)] as 

(6.1) 

The air density Po.o can be evaluated at atmospheric conditions; 17 11 is then the 
overall volumetric efficiency. Or it can be evaluated at inlet manifold conditions; 
1lu then measures the pumping performance of the cylinder, inlet port, and valve 
alone. This discussion will cover unthrottled (wide-open throttle) engine oper­
ation only. It is the air flow under these conditions that constrains maximum 
engine power. Lesser air flows in SI engines are obtained by restricting the intake 
system flow area with the throttle valve. 

Volumetric efficiency is affected by the following fuel, engine design, and 
engine operating variables: 

J. Fuel type, fuelf air ratio, fraction of fuel vaporized in the intake system, and 
fuel heat of vaporization 

2. Mixture temperature as influenced by heat transfer 
3. Ratio of exhaust to inlet manifold pressures 
4. Compression ratio 
5. Engine speed 
6. Intake and exhaust manifold and port design 
7. Intake and exhaust valve geometry, size, lift, and timings 

The effects of several of the above groups of variables are essentia11y quasi 
steady in nature; i.e., their impact is either independent of speed or can be 
described adequately in terms of mean engine speed. However, many of these 
variables have effects that depend on the unsteady flow and pressure wave phe­
nomena that accompany the time-varying nature of the gas exchange processes. 

6.2.1 Quasi-Static Effects 

VOLUMETRIC EFFICIENCY OF AN IDEAL CYCLE. For the ideal cycles of Fig. 
5-2d and e, an expression for volumetric efficiency can be derived which is a 
function of the following variables: intake mixture pressure p1, temperature I;, 
and fuel/air ratio (F/A); compression ratio re; exhaust pressure Pe; and molecular 
weight M and y for the cycle working fluid. The overall volumetric efficiency is 
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where m is the mass in the cylinder at point 1 in the cycle. Since 

and 
R 

P -p - T a,O - a,O M a,O 
a 

and Eq. (5.38) relates Ti to r;, the above expression for ,711 can be written 

~, = (::.)(:.:.)(T;,•) [l + ~F/A)] t, ~ 1 - y(r, ~ 1) [ (::) + (y - !)]} (6•2) 

For (pJp1) = 1, the term in { } is unity. 

EFFECT OF FUEL COMPOSITION, PHASE, AND FUEL/AIR RATIO. In a spark­
ignition engine, the presence of gaseous fuel (and water vapor) in the intake 
system reduces the air partial pressure below the mixture pressure. For mixtures 
of air, water vapor, and gaseous or evaporated fuel we can write the intake mani­
fold pressure as the sum of each component's partial pressure: 

Pt= Pa,i + p J,i + Pw,i 

which with the ideal gas law gives 

Pa:i = [i + (~l1)(Ma) + (~•~)(Ma)]-l 
p, ma M1 ma Mw 

(6.3) 

The water vapor correction is usually small ( <0.03). This ratio, p11 ,Jp;, for several 
common fuels as a function of (m1/m 11) is shown in Fig. 6-3. Note that (m1/ma) 
only equals the engine operating fuel/air ratio if the fuel is fully vaporized. 

0.9 

PC! , i 
Pi 

0.8 

0.7 

FIGURE 6-3 
Effect of fuel (vapor) on inlet air partial pressure. 
Ratio of air inlet pressure p0_1 to mixture inlet pres-

0.6 .__ ___ ..__ __________ _, sure P; versus fuel/air equivalence ratio </> for iso-
0 0.5 1.0 1.5 octane vapor, propane, methane, methanol vapor, 

Equivalence ratio iii and hydrogen. 
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for conventional liquid fuels such as gasoline the effect of fuel vapor, and 
therefore. fueljai~ ratio! is _sm_all. For gaseous fuels and for metha~ol vap~r, the 
volumetric effic1ency 1s significantly reduced by the fuel vapor m the mtake 
Jllixture. 

FRACTION FUEL VAPORIZED, HEAT OF VAPORIZATION, AND HEAT 
TRANSFER. For a constant-pressure flow with liquid fuel evaporation and with 
heat transfer, the steady-flow energy equation is 

where X.i is the mass fraction evaporated and the subscripts denote: a, air proper­
ties; f, fuel properties; L, liquid; V, vapor; B before evaporation; A after evapo­
ration. Approximating the change in enthalpy per unit mass of each component 
of the mixture by cP~T, and with hf. v - hf,L = hf, LY (the enthalpy of 
vaporization), Eq. (6-4) becomes 

(6.5) 

Since c 1, 1, ~ 2cP, 0 the last term in the denominator can often be neglected. 
If no heat transfer to the inlet mixture occurs, the mixture temperature 

decreases as liquid fuel is vaporized. For complete evaporation of isooctane, with 
cp = 1.0, TA - Tn = -19°C. For methanol under the same conditions, T,4 - T8 

would be - 128°C. In practice heating occurs; also, the fuel is not necessarily 
fully evaporated prior to entry to the cylinder. Experimental data show that the 
decrease in air temperature that accompanies liquid fuel evaporation more than 
offsets the reduction in air partial pressure due to the increased amount of fuel 
vapor: for the same heating rate, volumetric efficiency with fuel vaporization is 
higher by a few percent.2 

The ideal cycle equation for volumetric efficiency [Eq. (6.2)] shows that the 
effect of gas temperature variations, measured at entry to the cylinder, is through 
the factor (Ta,0/T;). Engine test data indicate that a square root dependence of 
volumetric efficiency on temperature ratio is closer to real engine behavior. The 
square root dependence is a standard assumption in engine test data reduction 
(see Sec. 2.12). 

EFFECT OF INLET AND EXHAUST PRESSURE RATIO AND COMPRESSION 
RATIO. As the pressure ratio (pe/p1) and the compression ratio are varied, the 
fraction of the cylinder volume occupied by the residual gas at the intake pressure 
varies. As this volume increases so volumetric efficiency decreases. These effects 
on ideal-cycle volumetric efficiency are given by the { } term in Eq. (6.2). For 
Y = 1.3 these effects are shown in Fig. 6-4. 
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6.2.2 Combined Quasi-Static 11md 
Dynamic Effects 

2.0 
FIGURE 6-4 
Effect of exhaust to inlet pressure ratio on 
ideal-cycle volumetric efficiency. 

When gas flows unsteadily thr0tugh a system of pipes, chambers, ports, and 
valves, both friction, pressure, and inertial forces are present. The relative impor­
tance of these forces depends 0111 gas velocity and the size and shape of these 
passages and their junctions. Both quasi-steady and dynamic effects are usually 
significant. While the effects of changes in engine speed, and intake and exhaust 
manifold, port and valve design are interrelated, several separate phenomena 
which affect volumetric efficiency can be identified. 

FRICTIONAL LOSSES. During the intake stroke, due to friction in each part of 
the intake system, the pressure i1n the cylinder Pc is Jess than the atmospheric 
pressure Patm by an amount dependent on the square of the speed. This total 
pressure drop is the sum of the pressure loss in each component of the intake 
system: air filter, carburetor andl throttle, manifold, inlet port, and inlet valve. 
Each loss is a few percent, with tine port and valve contributing the largest drop. 
As a result, the pressure in the cylinder during the period in the intake process 
when the piston is moving at close to its maximum speed can be 10 to 20 percent 
lower than atmospheric. For eai~b component in the intake (and the exhaust) 
system, Bernoulli's equation gives 

6.pJ = l;JpvJ 

where ,1 is the resistance coefficient for that component which depends on its 
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eometric details and vJ is the local ~elocity. Assuming the flow is quasi-steady, vJ 

fs related to the mean piston speed SP by 

V1A1 = SPA,, 

where A1 and Al,, are the component minimum flow area and the piston area, 
respectively. Hence, the total quasi-steady pressure loss due to friction is 

Patm - Pc= L l1p1 = r e1pv7 = pS;}:: e{~)2 

(6.6) 

Equation (6.6) indicates the importance of large component flow areas for 
reducing frictional losses, and the dependence of these losses on engine speed. 
Figure 6-5 shows an example of the pressure losses due to friction across the air 
cleaner, carbure:tor, throttle, and manifold plenum of a standard four-cylinder 

120~---------- ----------.-------~ 

Atmosi1here 

100 
P11rn __ _,_ 

so 

20 40 60 80 

m, g/s 

l'.200 2400 3600 4800 
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FIGURE&-! 
Pressure losses in tli1e intake system of a four-stroke cycle spark-ignition engine determined under 
steady flow conditions.3 Stroke = 89 mm. Bore = 84 mm. 
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automobile engine intake system. These steady flow tests, conducted over the full 
engine speed range, 3 show that the pressure loss depends on speed squared. 

Equivalent ·flow-dependent pressure losses in the exhaust system result in 
the exhaust port and manifold having average pressure llevels that are higher than 
atmospheric. Figure 6-6 shows the time-averaged exha.ust manifold gauge pres­
sure as a function of inlet manifold vacuum (which varies inversely to load) and 

Inlet manifold vacuum, lcPa 
0 10 20 30 40 50 60 70 

90 80 70 60 50 40 30 
Inlet manifold pressure, lcPa 

FIGURE 6--6 
Exhaust manifold pressure as a function of load (defined by inlet manifold vacuum) and speed, four­
stroke cycle four-cylinder spark-ignition engine.4 
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peed for a four-cylinder automobile spark-ignition engine.4 At lb.igh speeds and 
~oads the exhaust manifold operates at pressures substantially above atmo-
spheric. 

itAM EFFECT. The pressure in the inlet manifold varies during; each cylinder's 
intake process due to the piston velocity variation, valve open are:a variation, and 
the unsteady gas-flow effects that result from these geometric variations. The 
mass of air inducted into the cylinder, and hence the volumetric efficiency, is 
almost entirely determined by the pressure level in the inlet port during the short 
period before the inlet valve is closed. 5 At higher engine speeds, the inertia of the 
gas in the intake system as the intake valve is closing increases.,th1e pressure in the 
port and continues the charging process as the piston slows down around BC 
and starts the compression stroke. This effect becomes progressively greater as 
engine speed is increased. The inlet valve is closed some 40 to 160° after BC, in 
part to take advantage of this ram phenomenon. 

REVERSE FLOW INTO THE INTAKE. Because the inlet valve closes after the 
start of the compression stroke, a reverse flow of fresh charge from the cylinder 
back into the intake can occur as the cylinder pressure rises due to piston motion 
toward TC. This reverse flow is largest at the lowest engine speeds. It is an inevi­
table consequence of the inlet valve closing time chosen to take advantage of the 
ram effect at high speeds. 

TUNING. The pulsating flow from each cylinder's exhaust pro~!ss sets up pres­
sure waves in the exhaust system. These pressure waves propagate at the local 
sound speed relative to the moving exhaust gas. The pressure waves interact with 
the pipe junctions and ends in the exhaust manifold and pipe. These interactions 
cause pressure waves to be reflected back toward the engine cy:linder. In multi­
cylinder engines, the pressure waves set up by each cylinder, transmitted through 
the exhaust and reflected from the end, can interact with each ot.her. These pres• 
sure waves may aid or inhibit the gas exchange processes. When they aid the 
process by reducing the pressure in the exhaust port toward · the end of the 
exhaust process, the exhaust system is said to be tuned.6 

The time-varying inlet flow to the cylinder causes expansfon waves to be 
propagated back into the inlet manifold. These expansion waves can be reflected 
at the open end of the manifold (at the plenum) causing positive: pressure waves 
to be propagated toward the cylinder. If the timing of these wa.ves is appropri­
ately arranged, the positive pressure wave will cause the press;ure at the inlet 
valve at the end of the intake process to be raised above the nominal inlet pres­
sure. This will increase the inducted air mass. Such an intake system is described 
as twied.6 

Methods which predict the unsteady flows in the intake and exhaust 
systems of internal combustion engines with good accuracy have been developed. 
These methods are complicated, however, so more detailed discussion is deferred 
to Chap. 14. 
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Instantanc:ous pressures in the intake and exhaust manifolds of a four-stroke cycle four-cylinder 
spark-igni1tion engine, at wide-open throttle. Locations: p1, intake manifold runner 150 mm from 
cylinder I ; p1 , exhaust manifold runner 200 mm from cylinder 1; p3 , exhaust manifold runner 
700 mm from cylinder 1. IO and EO, intake and exhaust valve open periods for that cylinder, respec. 
tively.3 Stroke= 89 mm. Bore= 84 mm. 

Examples of the pressure variations in the inlet and exhaust systems of a 
four-cylinder automobile spark'-ignition engine at wide-open throttle are shown 
in Fig. 6i-7. The complexity of the phenomena that occur is apparent. The ampli­
tude of the pressure fluctuations increases substantially with increasing engine 
speed. The primary frequency in both the intake and exhaust corresponds to the 
frequenc:y of the individual cylinder intake and exhaust processes. Higher har­
monics that result from pressure waves in both the intake and exhaust are clearly 
important also. 

6.2.3 ·variation with Speed, and Valve 
Area, Lift, and Timing 

Flow effects on volumetric efficiency depend on the velocity of the fresh mixture 
in the inttake manifold, port, and valve. Local velocities for quasi-steady flow are 
equal to the volume flow rate divided by the local cross-sectional area. Since the 
intake s:ystem and valve dimensions scale approximately with the cylinder bore, 
mixture velocities in the intake system will scale with piston speed. Hence, volu• 
metric e:fficiencies as a function of speed, for different engines, should be com~ 
pared at the same mean piston speed. 7 Figure 6-8 shows typical curves of 
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FIGURE 6-8 
Volumetric efficiency versus mean piston speed 
for a four-cylinder automobile indirect-injection 
diese18 and a six-cylinder spark-ignition engine.9 

volumetric efficiency versus mean piston speed for a four-cylinder automobile 
indirect-injection diesel engine8 and a six-cylinder spark-ignition engine.9 The 
volumetric efficiencies of spark-ignition engines are usually lower than diesel 
values due to flow losses in the carburetor and throttle, intake manifold heating, 
the presence of fuel vapor, and a higher residual gas fraction. The diesel curve 
with its double peak shows the effect of intake system tuning. 

The shape of these volumetric efficiency versus mean piston speed curves 
can be explained with the aid of Fig. 6-9. This shows, in schematic form, how the 
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Effect on volumetric efficiency of different phenomena which affect the air flow rate as a function of 
Speed. Solid line is final 'lu versus speed curve. 
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effect on volumetric efficiency oif each of the different phenomena described in 
this section varies with speed. Non-speed-dependent effects (such as fuel vapor 
pressure) drop 17

11 
below 100 pe1rcent (curve A}. Charge heating in the manifold 

and cylinder drops curve A to curve B. It has a greater effect at lower engine 
speeds due to longer gas residence times. Frictional flow losses increase as the 
square of engine speed, and drop curve B to curve C. At higher engine speeds, the 
flow into the engine during at least part of the intake process becomes choked 
(see Sec. 6.3.2). Once this occurs, further increases in speed do not increase the 
flow rate significantly so volumetric efficiency decreases sharply (curve C to D). 
The induction ram effect, at higher engine speeds, raises curve D to curve E. Late 
inlet valve dosing, which allows advantage to be taken of increased charging at 
higher speeds, results in a decre:ase in 17 11 at low engine speeds due to backflow 
(curves C and D to F). Finally, intake and/or exhaust tuning can increase the 
volumetric efficiency (often by a substantial amount) over part of the engine 
speed range, curve F to G. 

An example of the effect 011t volumetric efficiency of tuning the intake mani­
fold runner is shown in Fig. 6-10. In an unsteady flow calculation of the gas 
exchange processes of a four-cylinder spark-ignition engine, the length of the 
intake manifold runners was inc;reased successively by factors of 2. The 34-cm 
length produces a desirable "tuned" volumetric efficiency curve with increased 
low-speed air flow and flat mid,-speed characteristics. While the longest runner 
further increases low-speed air flow, the loss in r1,, at high speed would be unac­
ceptable. 1 ° Further discussion of intake system tuning can be found in Sec. 7.6.2. 

Figure 6-11 shows data from a four-cylinder spark-ignition engine3 which 
illustrates the effect of varying v.alve timing and valve lift on the volumetric effi­
ciency versus speed curve. Earli<:r-than-normal inlet valve closing reduces back­
flow losses at low speed and increases '1v. The penalty is reduced air flow at high 
speed. Later-than-normal inlet valve closing is only advantageous at very high 
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FIGURE 6-10 
Effect of intake runner length on volumetric effi-

6000 ciency versus speed for 2.3-dm3 four-cylinder 
spark-ignition cngine.10 
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Effect of (a) valve timing and (b) valve lift on volumetric efficiency versus speed curves. Four-cylinder 1.6-d.m3 displacement spark-ignition engine at 
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bottom left; exhaust valve opens (before BC) bottom right, closes (after TC) top right.3 Stroke= 89 mm. 
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speeds. Low valve lifts significan1tly restrict engine breathing over the mid-speed 
and high-speed operating ranges. Above a critical valve lift, lift is no longer a 
major constraint on effective valv1e open area (see Sec. 6.3). 

6.3 FLOW THROUGH VALVES 

The valve, or valve and port together, is usually the most important flow 
restriction in the intake and the exhaust system of four-stroke cycle engines. The 
characteristics of flows through pioppet valves will now be reviewed. 

6.3.1 Poppet Valve Geometry and 
Timing 

Figure 6-12 shows the main geometric parameters of a poppet valve head and 
seat. Figure 6-13 shows the proportions of typical inlet and exhaust valves and 
ports, relative to the valve inner seat diameter D. The inlet port is generally 
circular, or nearly so, and the crnss-sectional area is no larger than is required to 
achieve the desired power output. For the exhaust port, the importance of good 
valve seat and guide cooling, with the shortest length of exposed valve stem, leads 
to a different design. Although a circular cross section is still desirable, a rec­
tangular or oval shape is often essential around the guide boss area. Typical 
valve head sizes for different sha1ped combustion chambers in terms of cylinder 
bore B are given in Table 6.1.11 Each of these chamber shapes (see Secs. 10.2 and 
15.4 for a discussion of spark-ig:nition and diesel combustion chamber design) 
imposes different constraints on valve size. Larger valve sizes (or four valves com­
pared with two) allow higher maximum air flows for a given cylinder displace­
ment. 

Typical valve timing, valve-lift profiles, and valve open areas for a four­
stroke cycle spark-ignition engine: are shown in Fig. 6•14. There is no universally 
accepted criterion for defining va,lve timing points. Some are based upon a spe-

Sear width w 

Lift L , 

Sllem diameter D, 

t--~ Inner seat diameter D 

Head diameter, D, 

FIGURE 6-12 
Parameters defining poppet valve 
geometry. 

Page 252 of 966



0.20--0.2W 

D 

(a) 

Minimum or no 

l 
0.095--0. lOSD 'D' 

1.10-1.llD 

(b) 

FIGURE 6-13 

GAS EXCHANGE PROCESSES 221 

-~ • \_ 0.80-0.8SD 

~o\ 

--~ 

Minimum protrusion of guide boss 

Q 
Section Z-Z 

Area > 0."75 w-ea ·a:1 'D' 

Shape, proportions, and critical design areas of typical inlet (top) and exhaust (bottom) valves and 
ports.11 

cific lift criterion. For example, SAE defines valve timing eventi; based on refer­
ence valve-lift points:13 

1. Hydraulic lifters. Opening and closing positions are the 0.ll5-mm (0.006-in) 
valve-lift points. 

2. Mechanical lifters. Valve opening and closing positions a1re the points of 
0.15-mm (0.006-in) lift plus the specified lash. 
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TABLE 6.1 

Valve head diameter in terms of cyUnder bore B11 

Combustion 
chamber shapet Inlet Exhaust 

Wedge or bathtub 0.43-0.46B 0.35--0.37B 
Bowl-in-piston 0.42-0.44B 0.34-0.37B 
Hemispherical 0.48-0.5B 0.41-0.43B 
Four-valve pent-roof 0.35--0.37B 0.28-0.328 

t See Fig. 15-15. 

Approximat41 mean 
piston speed, 
max power, m/s 

15 
14 
18 
20 

Alternatively, valve events can be defined based on angular criteria along the lift 
curve.1 2 What is important is when significant gas flovv through the valve-open 
area either starts or ceases. 

The instantaneous valve flow area depends on valve lift and the geometric 
details of the valve head; seat, and stem. There are three separate stages to the 
flow area development as valve lift increases,14 as shown in Fig. 6-14b. For low 
valve lifts, the minimum flow area corresponds to a fmstrum of a right circular 
cone where the conical face between the valve and the seat, which is perpendicu­
lar to the seat, defines the flow area. For this stage: 

w 
• fJ fJ > Lv > 0 sm cos 

and the minimum area is 

Am= 1rLv cos P(D11 - 2w +~"sin 2P) (6.7) 

where fJ is the valve seat angle, L11 is the valve lift, Du is, the valve head diameter 
(the outer diameter of the seat}, and w is the seat width (difference between the 
inner and outer seat radii). 

For the second stage, the minimum area is still the slant surface of a frus­
trum of a right circular cone, but this surface is no lomger perpendicular to the 
valve seat. The base angle of the cone increases from (90 - {J)° toward that of a 
cylinder, 90°. For this stage: 

and 

(6.8) 

where DP is the port diameter, Ds is the valve stem diameter, and Dm is the mean 
seat diameter (D11 - w). 
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3 

D 
D,@D' 

4DLv ~ D; - D: 

(a) Typical valve timing diagram for high-speed 2.2-dm3 four-cylinder spark-ignition engine. (b) Sche­
matic showing three stages of valve lift. (c) Valve-lift curve and corresponding mfoimum intake and 
e:tbaust valve open areas as a function of camshaft angle. Inlet and exhaust valve diameters are 3.6 
and 3. I cm, respectively.12 
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Finally, when the valve lift is, sufficiently large, the minimum flow area is no 
longer between the valve head and. seat; it is the port flow area minus the section­
al area of the valve stem. Thus, for 

[(
D2 D2)2 ] 112 

L,, > ,
4

~ m s - w2 + w tan fJ 

then 

(6.9) 

Intake and exhaust valve open areas corresponding to a typical valve-lift 
profile are plotted versus camsbafil angle in Fig. 6-14c. These three different flow 
regimes are indicated. The maximum valve lift is normally about 12 percent of 
the cylinder bore. 

Inlet valve opening (IVO) itypically occurs 10 to 25Q BTC. Engine per­
formance is relatively insensitive to this timing point. It should occur sufficiently 
before TC so that cylinder pressuire does not dip early in the intake stroke. Inlet 
valve closing (IVC) usually falls in1 the range 40 to 60° after BC, to provide more 
time for cylinder filling under conditions where cylinder pressure is below the 
intake manifold pressure at BC. lfVC is one of the principal factors that deter­
mines high-speed volumetric efficiiency; it also affects low-speed volumetric effi­
ciency due to backflow into the intake (see Sec. 6.2.3). Exhaust valve opening 
(EVO) occurs 50 to 60° before BC1, well before the end of the expansion stroke, so 
that blowdown can assist in expelling the exhaust gases. The goal here is to 
reduce cylinder pressure to close to the exhaust manifold pressure as soon as 
possible after BC over the full engine speed range. Note that the timing of EVO 
affects the cycle efficiency since it determines the effective expansion ratio. 
Exhaust valve closing (EVC) ends: the exhaust process and determines the dura­
tion of the valve overlap period. EVC typically falls in the range 8 to 20° after 
TC. At idle and light load, in spark-ignition engines (which are throttled), it 
therefore regulates the quantity of exhaust gases that flow back into the com• 
bustion chamber through the exhaust valve under the influence of intake mani­
fold vacuum. At high engine spe:eds and loads, it regulates how much of the 
cylinder burned gases are exhau~:ted. EVC timing should occur sufficiently far 
after TC so that the cylinder pressure does not rise near the end of the exhaust 
stroke. Late EVC favors high power at the expense of low-speed torque and idle 
combustion quality. Note from the timing diagram (Fig. 6-14a) that the points of 
maximum valve lift and maximum piston velocity (Fig. 2-2) do not coincide. 

The effect of valve geometry and timing on air flow can be illustrated con­
ceptually by dividing the rate of c:hange of cylinder volume by the instantaneous 
minimum valve flow area to obtain a pseudo flow velocity for each valve:12 

1 dV nB2 ds 
vps == A dO = 4A dO (6.lO) 

m m 

where V is the cylinder volume [Eq. (2.4)], B is the cylinder bore, s is the distance 
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FIGU.RE 6-15 
Rate of change of cylinder volume dV/d8, valve minimum flow area Am , and pseudo flow velocity as 
function ot crank angle for exhaust and inlet valves of Fig. 6-14.11 

between the wrist pin and crank axis [see Fig. 2-1 and Eq. (2.5)] and Am is the 
valve area given by Eqs. (6.7), (6.8), or (6.9). Instantaneous pseudo flow velocity 
profiles for the exhaust and intake strokes of a four-stroke four-cylinder engine 
a,;e shown in Fig. 6-15. Note the appearance of two peaks in the pseudo flow 
velocity for both the exhaust and intake strokes. The broad peaks occurring at 
maximum piston velocity reflect the fact that valve flow area is constant at this 
point. The peaks close to TC result from the exhaust valve closing and intake 
valve opening profiles. The peak at the end of the exhaust stroke is important 
since it indicates a high pressure drop across the valve at this point, which will 
result in higher trapped residual mass. The magnitude of this exhaust stroke 
pseudo velocity peak depends strongly on the timing of exhaust valve closing. 
The pseudo velocity peak at the start of the intake stroke is much less important. 
That the pseudo velocities early in the exhaust stroke and late in the intake 
stroke are low indicates that phenomena other than quasi-steady flow govern the 
flow rate. These are the periods when exhaust blowdown and ram and tuning 
effects in the intake are most important. 

6.3.2 Flow Rate and Discharge 
Coefficients 

The mass flow rate through a poppet valve is usually described by the equation 
for compressible flow through a flow restriction [Eqs. (C.8) or (C.9) in App. C]. 
This equation is derived from a one-dimensional isentropic flow analysis, and 
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real gas .flow effects are included by means of an experimentally determined dis­
charge coefficient Cv. The air flow rate is related to the upstream stagnation 
pressure p0 and stagnation temperature T0, static pressure just downstream of 
the flow restriction (assumed equal to the pressure at the restriction, Pr), and a 
reference area AR characteristic of the valve design: 

m = Cn AR Po (Pr)l/y{~ [1 -(Pr)(y-l)/y]}l/
2 

(RT0)112 Po y - 1 Po {6.11) 

When the flow is choked, i.e., Pr/Po < [2/(y + l)]Yf(y - i,, the appropriate equation 
is 

• _ D R O 1/2 __ C A p ( 2 )(y+l)/2(y- 1) 

m - (RT0)112 y y + 1 (6.12) 

For flow into the cylinder through an intake valve, p0 is the intake system pres­
sure p1 a1nd Pr is the cylinder pressure. For flow out of the cylinder through an 
exhaust valve, p0 is the cylinder pressure and Pr is the exhaust system pressure. 

The value of C0 and the choice of reference area are linked together: their 
product> C0 AN~ is the effective flow area of the valve assembly Ae. Several differ­
ent refere:nce areas have been used. These include the valve head area nD~/4,7 the 
port area. at the valve seat nD;/4, 15 the geometric minimum flow area [Eqs. (6.7), 
(6.8), and (6.9)], and the curtain area rr.D11 L11 ,

16 where LIJ is the valve lift. The 
choice is arbitrary, though some of these choices allow easier interpretation than 
others. As has been shown above, the geometric minimum flow area is a complex 
function of valve and valve seat dimensions. The most convenient reference area 
in practice is the so-called valve curtain area : 

Ac= nD11 L 11 (6.13) 

since it v:aries linearly with valve lift and is simple to determine. 

INLET VALVES. Figure 6-16 shows the results of steady flow tests on a typical 
inlet valve configuration with a sharp-cornered valve seat.16 The discharge coeffi­
cient bas,ed on valve curtain area is a discontinuous function of the valve-lift/ 
diameter ratio. The three segments shown correspond to different flow regimes as 
indicated .. At very low lifts, the flow remains attached to the valve head and seat, 
giving high values for the discharge coefficient. At intermediate lifts, the flow 
separates: from the valve head at the inner edge of the valve seat as shown. An 
abrupt d1ecrease in discharge coefficient occurs at this point. The discharge coeffi­
cient then increases with increasing lift since the size of the separated region 
remains approximately constant while the minimum flow area is increasing. At 
high lifts, the flow separates from the inner edge of the valve seat as well.14

• 
17 

Typical maximum values of LiD11 are 025. 
An important question is whether these steady flow data are representative 

of the dynamic flow behavior of the valve in an operating engine. There is some 
evidence that the "change points " between different flow regimes shown in Fig. 
6-16 occur at slightly different valve lifts under dynamic operation than under 
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Discharge ooefficieut of typical inlet poppet valve (effective flow area/valve curtain area) as a function 
of valve lift. Differe:nt segments correspond to flow regimes indicated. l 6 

steady flow operation. Also, as has been discussed in Sec. 6.2.2, the pressure up­
stream of the valve varies significantly during the intake process. However, it has 
been shown that over the normal engine speed range, steady flow discharge­
coefficient resullts can be used to predict dynamic performance with reasonable 
precision. 14

• 
18 

In addition to valve lift, the performance of the inlet valve assembly is influ­
enced by the following factors: valve seat width, valve seat angle, rounding of the 
seat corners, port design, cylinder head shape. In many engine d~signs the port 
and valve assembly are used to generate a rotational motion (swirl) inside the 
engine cylinder during the induction process, or the cylinder head can be shaped 
to restrict the 'flow through one side of the valve open area to generate swirl. 
Swirl productfon is discussed later, in Section 8.3. Swirl generation significantly 
reduces the vallve (and port) flow coefficient. Changes in seat width affect the 
Luf D11 at which the shifts in flow regimes illustrated in Fig. 6-16 occur. C0 
increases as seat width decreases. The seat angle f3 affects the discharge coefficient 
in the low-lift regime in Fig. 6-16. Rounding the upstream corner of the valve seat 
reduces the tendency of the fl.ow to break away, thus increasing CD at higher lifts. 
At low valve llifts, when the flow remains attached, increasing the Reynolds 
number decreases the discharge coefficient. Once the flow breaks away from the 
wall, there is no1 Reynolds number dependence of CO. 16 

For weU-designed ports (e.g., Fig. 6-13) the discharge coefficient of the port 
and valve assembly need be no lower than that of the isolated valve (except when 
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the port is used to generate swirl). However, if the cross-sectional area of the port 
is not sufficient or the radius of the surface at the inside of the bend is too small 

' a significant reduction in Cn for the assembly can result.16 

At high engine speeds, unless the inlet valve is of sufficient size, the inlet 
flow during part of the induction process can become choked (i.e., reach sonic 
velocity at the minimum valve flow area). Choking substantially reduces volu­
metric ejificiency. Various definitions of inlet Mach number have been used to 
identify fthe onset of choking. Taylor and coworkers 7 correlated volumetric effi­
ciencies measured on a range of engine and inlet valve designs with an inlet Mach 
index Z formed from an average gas velocity through the inlet valve: 

z = A,S, 
CiA;a 

(6.14) 

where A,1 is the nominal inlet valve area (nD~/4), Ci is a mean valve discharge 
coefficie111t based on the area A1, and a is the sound speed. From the method used 
to determine C1, it is apparent that C1 A1 is the average effective open area of the 
valve (it is the average value of C0 nD., L.,). Z corresponds closely, therefore, to 
the mean Mach number in the inlet valve throat. Taylor's correlations show that 
,,., decre:ases rapidly for Z ~ 0.5. An alternative equivalent approach to this 
problem has been developed, based on the average flow velocity through the 
valve during the period the valve is open.19 A mean inlet Mach number was 
defined: 

M
- _ v, 
1- a 

(6.15) 

where v1 is the mean inlet flow velocity during the valve open period. M1 is 
related to Z via 

M, = Z(17j100)180 
()JVC - ()JVO 

(6.16) 

This me;m inlet Mach number correlates volumetric efficiency characteristics 
better than the Mach index. For a series of modern small four-cylinder engines, 
when M,. approaches 0.5 the volumetric efficiency decreases rapidly. This is due 
to the ffow becoming choked during part of the intake process. This relationship 
can be 1used to size the inlet valve for the desired volumetric efficiency at 
maximum engine speed. Also, if the inlet valve is closed too early, volumetric 
efficiency will decrease gradually with increasing M;, for M1 < 0.5, even if the 
valve open area is sufficiently large. 19 

EXHAUST VALVES. In studies of the flow from the cylinder through an exhaust 
poppet valve, different flow regimes at low and high lift occur, as shown in Fig. 
6-17. Vallues of Cv based on the valve curtain area, for several different exhaust 
valve and port combinations, are given in Fig. 6-18. A sharp-cornered isolated 
poppet valve (i.e., straight pipe downstream, no port) gives the best performance. 
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Low lift 

FJGURE 6-17 
Flow pattern through exhaust valve at low and high lift.16 
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High lift 

At high lifts, LvlDv ~ 0.2, the breakaway of the flow reduces the discharge coeffi­
cient. (At L,iDi, = 0.25 the effective area is about 90 percent of the minimum 
geometric area. For LvfDv < 0.2 it is about 95 percent.16

) The port design signifi­
cantly affects CD at higher valve lifts, as indicated by the data from four port 
designs in Fig. 6-18. Good designs can approach the performance of isolated 
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valves, however. Exhaust valves operate over a wide range of pressure ratios (1 to 
5). For pressure ratios greater than about 2 the flow will be choked, but the effect 
of pressure ratio on discharge coe:tlicient is small and confined to higher lifts (e.g., 
± 5 percent at L.j D 11 = 0.3). 15 

6.4 RESIDUAL GAS FRACTION 

The residual gas fraction in the cylinder during compression is determined by the 
exhaust and inlet processes. Its magnitude affects volumetric efficiency and engine 
performance directly, and efficienicy and emissions through its effect on worlcing. 
fluid thermodynamic properties. The residual gas fraction is primarily a function 
of inlet and exhaust pressures, speed, compression ratio, valve timing, and 
exhaust system dynamics. 
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15 

IQ 

5 1800 rev/min 

C .g 
u 
,fl Manifold pressure, mmHg abs 
~ 
Oil 

1 20,----r------.-- --r-----.----r--. 
~ 

j 
15 

5 10.5 

0 ~~-~~ _ _,___ __ ~ _ __.____, 
300 400 500 600 700 

Manifold pressure, mmHg abs 

FIGURE 6-19 
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Residual gas fraction for 2-dm3 four-cylitlder spark-ignition engine as a function of intake manifold 
pressure for a range of speeds, compressii:>n ratios, and valve overlaps: also as a function of air/fueJ 
ratio ror a range of volumetric efficiencies. Operating conditions, unless noted : speed= 1400 rev/min, 
A/F = 14.5, spark ti.ming set to give 0.95 maximum torque, compression ratio = 8.5.22 
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The residual gas mass fraction Xr ( or burned gas fraction if EGR is used) is 
usually determined by measuring the CO2 concentration in a sample of gas 
extracted from the cylinder during the compression stroke. Then 

(XcoJc 
Xr = (N ) 

Xco2 e 
(6.17) 

where the subscripts C and e denote compression and exhaust, and ic02 are mole 
fractions in the wet gas. Usually CO2 volume or mole fractions are measured in 
dry gas streams (see Sec. 4.9). A correction factor K, 

K = (ii)wct = 1 
(i1)dry 1 + 0.5[y(X~o2 + x&) - 0.74x&] 

(6.18) 

where y is the molar hydrogen/carbon ratio of the fuel and x~02, x~0 are dry mole 
fractions, can be used to convert the dry mole fraction measurements. 

Residual gas measurements in a spark-ignition engine are given in Fig. 6-19, 
which shows the effect of changes in speed, valve overlap, compression ratio, and 
air/fuel ratio for a range of inlet manifold pressures for a 2-dm3 , 88.5-mm bore, 
four-cylinder engine.22 The effect of variations in spark timing was negligible. 
Inlet pressure, speed, and valve overlap are the most important variables, though 
the exhaust pressure also affects the residual fraction. 23 Normal settings for inlet 
valve opening (about 15° before TC) and exhaust valve closing (about 12° after 
TC) provide sufficient overlap for good scavenging, but avoid excessive backflow 
from the exhaust port into the cylinder. 

Residual gas fractions in diesel engines are substantially lower than in SI 
engines because inlet and exhaust pressures are comparable in magnitude and the 
compression ratio is 2 to 3 times as large. Also, a substantial fraction of the 
residual gas is air. 

6.5 EXHAUST GAS FLOW RATE AND 
TEMPERATURE VARIATION 

The exhaust gas mass flow rate and the properties of the exhaust gas vary signifi­
cantly during the exhaust process. The origin of this variation for an ideal 
exhaust process is evident from Fig. 5-3. The thermodynamic state (pressure, tem­
perature, etc,) of the gas in the cylinder varies continually during the exhaust 
blowdown phase, until the cylinder pressure closely approaches the exhaust man­
ifold pressure. In the real exhaust process, the exhaust valve restricts the flow out 
of the cylinder, the valve lift varies with time, and the cylinder volume changes 
during the blowdown process, but the principles remain the same. 

Measurements have been made of the variation in mass flow rate through 
the exhaust valve and gas temperature at the exhaust port exit during the exhaust 
process of a spark-ignition engine.14 Figure 6-20 shows the instantaneous mass 
flow rate data at three different engine speeds. The blowdown and displacement 
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ratio = 1.2, wide-open throttle, compression ratio = 7. Dash-dot line is one-dimensional compressible 
flow mode] for blowdown and incompress1ible displacement model for exhaust stroke.14 

phases of the exhaust process are evident. Simple quasj-steady models of these 
phases give good agreement with the data at lower engine speeds. The blowdown 
model shown applies orifice flow equations to the fl.ow across the exhaust valve 
using the measured cylinder press:ure and estimated gas temperature for upstream 
stagnation conditions. Equation (C.9) is used when the pressure ratio across the 
valve exceeds the critical value. Equation (C.8) is used when the pressure ratio is 
less than the critical value. The displacement model assumes the gas in the cylin­
der is incompressible as the piston moves through the exhaust stroke. As engine 
speed increases, the crank angle duration of the blowdown phase increases. There 
is evidence of dynamic effects occ:urring at the transition between the two phases. 
The peak mass flow rate during bilowdown does not vary substantially with speed 
since the flow is choked. The mass fl.ow rate at the time of maximum piston speed 
during displacement scales approximately with piston speed. As the inlet mani­
fold pressure is reduced below thi~ wide-open throttle value, the proportion of the 
charge which exits the cylinder during the blowdown phase decreases but the 
mass flow rate during displacement remains essentially constant. 

The exhaust gas temperalture varies substantially through the exhaust 
process, and decreases due to huat loss as the gas flows past the exhaust valve 
and through the exhaust system. 

Figure 6-21 shows tbe mea1sured cylinder pressure, calculated cylinder gas 
temperature and exhaust mass flow rate, and measured gas temperature at the 
exhaust port exit for a single-cylilnder spark-ignition engine at mid-load and low 
speed. 25 The average cylinder-gas temperature falls rapidly during blowdown, 
and continues to fall during the e°Xhaust stroke due to heat transfer to the cylin-
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FIGURE 6-21 
Measured cylinder pressure p,, calculated cylinder-gas temperature T,, exhaust mass flow rate me, 
and measured gas temperature at exhaust port exit TP' ror single-cylinder spark-ignition engine. 
Speed = 1000 rev/min, imep = 414 kPa, equivalence ratio = 1.2, spark timing= 10° BTC, r, = 7.2.25 

der walls. The gas temperature at the port exit at the start of the exhaust flow 
pulse is a mixture of hotter gas which has just left the cylinder and cooler gas 
which left the cylinder at the end of the previous exhaust process and has been 
stationary in the exhaust port while the valve has been closed. The port exit 
temperature has a minimum where the transition from blowdown flow to dis• 
placement occurs, and the gas comes momentarily to rest and loses a substantial 
fraction of its thermal energy to the exhaust port walls. 

Figure 6·22 shows the effect of varying load and speed on exhaust port exit 
temperatures. Increasing load (A ------. B -+ C) increases the mass and temperature in 
the blowdown pulse. Increasing speed (B ➔ D) raises the gas temperature 
throughout the exhaust process. These effects are the result of variations in the 
relative importance of heat transfer in the cylinder and heat transfer to the 
exhaust valve and port. The time available for heat transfer, which depends on 
engine speed and exhaust gas flow rate, is the most critical factor. The exhaust 
temperature variation with equivalence ratio follows from the variation in expan~ 
sion stroke temperaturest with maximum values at </> = 1.0 and lower values for 
leaner and richer mixtures. 24 Diesel engine exhaust temperatures are significantly 
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lower than spark-ignition engine exhaust temperatures because of the lean oper­
ating equivalence ratio and their higher expansion ratio during the power stroke. 

The average exhaust gas temperature is an important quantity for deter­
mining the performance of turbochargers, catalytic converters, and particulate 
traps. The time-averaged exhaust temperature does not correspond to the 
average energy of the exhaust gas because the flow rate varies substantially. An 
enthalpy-averaged temperature 

(6.19) 

is the best indicator of exhaust thermal energy. Average exhaust gas temperatures 
are usually measured with a thermocouple. Thermocouple-averaged temperatures 
are close to time-averaged temperatures. Mass-averaged exhaust temperatures 
(which are close to f;, if cP variations are small) for a spark-ignition engine at the 
exhaust port exit are about 100 K higher than time-averaged or thermocouple­
determined temperatures. Mass-average temperatures in the cylinder during the 
exhaust process are about 200 to 300 K higher than mass-averaged port tem­
peratures. All these temperatures increase with increasing speed, load, and spark 
retard, with speed being the variable with the largest impact. 26 
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CYCLE ENGINES 

6.6.1 Two-St1roke Engine Configurations 

GAS EXCHANGE PROCESSES 235 

In two-stroke cycle engines, each outward stroke of the piston is a power stroke. 
To achieve this operating cycle, the fresh charge must be supplied to the engine 
cylinder at a high-enough pressure to displace the burned gases from the previous 
cycle. Raising the pressure of the intake mixture is done in a separate pump or 
blower or compressor. The operation of clearing the cylinder of burned gases and 
filling it with fre:sh mixture (or air)-the combined intake and exhaust process-is 
called scavenging. However, air capacity is just as important as in the four-stroke 
cycle; usually, a l greater air mass flow rate must be achieved to obtain the same 
o11tput power. Figures 1-12, and 1-5 and 1-24 show sectioned drawings of a 
two-stroke spark-ignition engine and two two-stroke diesels. 

The differ,ent categories of two-stroke cycle scavenging flows and the port 
(and valve) arra.ngements that produce them are illustrated in Figs. 6-23 and 6-24. 
Scavenging arrangements are classified into: (a) cross-scavenged, (b) loop­
scavenged, and l(c) unif{ow•scavenged cmifi,gurations. The location and orientation 
of the scavenging ports control the scavenging process, and the most common 
arrangements aire indicated. Cross- and loop-scavenging systems use exhaust and 
inlet ports in the cylinder wall, uncovered by the piston as it approaches BC.27 

The uniflow system may use inlet ports with exhaust valves in the cylinder head, 

(a) (b) (c) 

FIGURE &-23 
(Q) Cross-scavenged, (b) loop-scavenged, and (c) uniflow-scavenged two-stroke cycle flow configu­
rations. 
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(b) (c) 

FIGURE 6-24 
Common porting arrangements that go with (a) cross-scavenged, (b) loop-scavenged, and (c) uniflow­
scavenged configurations. 

or inlet and exhaust ports with opposed pistons. Despite the different fl.ow pat­
terns obtained with each cylinder geometry, the general operating principles are 
similar. Air in a diesel, or fuel•air mixture in a spark-ig;nition engine, must be 
supplied to the inlet ports at a pressure higher than the exhaust system pressure. 

Figure 6-25 illustrates the principles of the scavenging process for a uniflow 
engine design. Between 100 and 110° after TC, the exhaust valve opens and a 
blowdown discharge process commences. Initially, the p1ressure ratio across the 
exhaust valve exceeds the critical value (see App. C) and tl~e flow at the valve will 
be sonic: as the cylinder pressure decreases, the pressure: ratio drops below the 
critical value. The discharge period up to the time of the s,cavenging port opening 
is called the blowdown (or free exhaust) period. The scavenging ports open 
between 60 and 40° before BC when the cylinder pressure slightly exceeds the 
scavenging pump pressure. Because the burned gas flow is toward the exhaust 
valves, which now have a large open area, the exhaust flow continues and no 
backflow occurs. When the cylinder pressure falls below the inlet pressure, air 
enters the cylinder and the scavenging process starts. Thi5: flow continues a·s long 
as the inlet ports are open and the inlet total pressure exceeds the pressure in the 
cylinder. As the cylinder pressure rises above the exhalust pressure, the fresh 
charge flowing into the cylinder displaces the burned gases: a part of the fresh 
charge mixes with the burned gases and is expelled with them. The exhaust valves 
usually close after the inlet ports close. Since the flow in1 the cylinder is • toward 
the exhaust valve, additional scavenging is obtained. Figure 1-16 illustrates the 
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FIGURE 6-25 
Gas exchange process in two-stroke cycle uniftow-scavenged diesel engine : (a) valve and port timing 
and pressure-volume diagram; (b) pressure, scavenging port open area A,0 , and exhaust valve lift L. 
as functions of crank angle. 1 

simila r sequence of events for a loop-scavenged engine. Proper flow patterns for 
the fresh charge are extremely important for good scavenging a111d charging of the 
cylinder. 

Common methods for supercharging or pressurizing the fresh charge are 
shown in Fig. 6-26. In large two-stroke cycle engines, more complex com­
binations of these approaches are often used, as shown in Fig. 1-24. 

6.6.2 Scavenging Parameters and Models 

The following overall parameters are used to describe the scaverllging process. 13 

The delivery ratio A : 

A= mass of delivered air (or mixture) per cyclie 
reference mass 

(6.20) 
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FIGURE 6-26 
Common methods of pressurizing the fre:sh charge in two-stroke cycle engines: left, crankcase com­
pression; center, roots blower; right, centriifugal compressor.7 

compares the actual scavenging air mass (or mixture mass) to that required 
in an ideal charging process. t The reference mass is defined as displaced 
volume x ambient air (or mixture) density. Ambient air (or mixture) density is 
determined at atmospheric condi1tions or at intake conditions. This definition is 
useful for experimental purposes. For analytical work, it is often convenient to 
use the trapped cylinder mass m,r :as the reference mass. 

The trapping efficiency rt,, : 

mass of delivered air (or mixture) retained 
'1t, = mass of delivered air (or mixture) 

(6.21) 

indicates what fraction of the air (or mixture) supplied to the cylinder is retained 
in the cylinder. 

The scavenging efficiency tlsc : 

mass of delivered air (or mixture) retained 
'1so = mass of trapped cylinder charge (6•

22
) 

indicates to what extent the residual gases in the cylinder have been replaced with 
fresh air. 

The purity of the charge: 

. mass of air in trapped cylinder charge 
Punty = ------.....c...;'---~------"--

mass of trapped cylinder charge 
(6.23) 

indicates the degree of dilution, with burned gases, of the unburned mixture in 
the cylinder. 

t If scavenging is done with fuel-air mixture, as in spark-ignition engines, then mixture mass is used 
instead of air mass. 
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The charging efficiency '1 ch : 

mass of delivered air (or mixture) retained 
'7ch = displaced volume x ambient density 

(6.24) 

indicates how effectively the cylinder volume has been filled with fresh air ( or 
mixture). Chargjng efficiency, trapping efficiency, and delivery ratio are related by 

1'fch = A'l'/tr (6.25) 

When the refen::nce mass in the definition of delivery ratio is the trapped cylinder 
mass m,r (or clo!sely approximated by it) then 

'lsc = A'7,r (6.26) 

In real scatvenging processes, mixing occurs as the fresh charge displaces the 
burned gases a1rid some of the fresh charge may be expelled. Two limiting ideal 
models of this process are: (1) perfect displacement and (2) complete mixing. 
Perfect displacement or scavenging would occur if the burned gases were pushed 
out by the fresh gases without any mixing. Complete mixing occurs if entering 
fresh mixture mixes instantaneously and uniformly with the cylinder contents. 

For perfect displacement (with m1r as the reference mass in the delivery 
ratio), 

and 
and 

for A~ 1 
for A> 1 

(6.27) 

For the complete mixing limit, consider the scavenging process as a quasi­
steady flow process. Between time t and t + dt, a mass element dmad of air is 
delivered to the cylinder and is uniformly mixed throughout the cylinder volume. 
An equal amou1nt of fluid, with the same proportions of air and burned gas as the 
cylinder conten1ts at time t, leaves the cylinder during this time interval. Thus the 
mass of air delivered between t and t + dt which is retained, dmar, is given by 

( 
mar) dm.r = dmad 1 - -
mtr 

Assuming m,, is constant, this integrates over the duration of the scavenging 
process to give 

Thus, for complete mixing, with the above definitions. 

" = 1 - e - A 'ISC 

J 
'ltr = A (1 - e- ") 

(6.28) 

(6.29) 

Figure 6-27 shQws "lsc and '1tr for the perfect displacement and complete mixing 
assumptions as a function of A. the delivery ratio. 

Page 271 of 966



240 lNTERNAL COMBUSTION ENGINE FUNDAMENTALS 

--Perfect displacement 

- - Perfect mixing 

' ........._~'7tr 

....._..._ 

FIGURE 6-27 

1.0 

Delivery ratio, A 

Tise~­----

2.0 

Scavenging efficiency ,, •• and trapping efficiency tJ1, versus delivery ratio A for perfect displacement 
and complete mixing models. 

An additional possibility is the direct flow of fresh mixture through the 
cylinder into the exhaust without entraining burned gases. This is called short­
circuiting ; it is obviously undesirable since some fresh air or mixture is wasted. 
There is no simple model for this process. When short-circuiting occurs, lower 
scavenging efficiencies result even though the volume occupied by the short­
circuiting flow through the cylinder does displace an equal volume of the burned 
gases. Another phenomenon which reduces scavenging efficiency is the formation 
of pockets or dead zones in the cylinder volume where burned gases can become 
trapped and escape displacement or entrainment by the fresh scavenging flow. 
These unscavenged zones are most likely to occur in regions of the cylinder that 
remain secluded from the main fresh mixture flow path. 

6,6.3 Actual Scavenging Proce~es 

Several methods have been developed for detennining what occurs in actual 
cylinder scavenging processes.27 Accurate measurement of scavenging efficiency is 
difficult due to the problem of measuring the trapped air mass. Estimation of l'fsc 

from indicated mean effective pressure and from gas sampling are the most reli­
able methods. 7 Flow visualization experiments28- 30 in liquid analogs of the 
cylinder and flow velocity mapping techniques31 have proved useful in providing 
a qualitative picture of the scavenging flow field and identifying problems such as 
short-circuiting and dead volumes. 

Flow visualization studies indicate the key features of the scavenging 
process. Figure 6-28 shows a sequence of frames from a movie of one liquid 
scavenging another in a model of a large two-stroke cycle loop-scavenged 
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Photos of one fluid scavenging another in liquid analog exP4!riments in model Ioop--scavenged engine cylinder. Top two rows: View perpen­
dicular to scavenging loop. Bottom row: Orthogonal views. Dark denser fluid displacing light less dense fluid.29 
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diesel. 29 The physical variables were scaled to maintain the same values of the 
appropriate dimensionJess numbers for the liquid analog flow and the real engine 
flow. The density of the liquid representing air (which is dark) was twice the 
density of the liquid representing burned gas (which is clear). Early in the scav­
enging process, the fresh air jets penetrate into the burned gas and displace it first 
toward the cylinder head and then toward the exhaust ports (the schematic gives 
the location of the ports). During this initial phase, the outflowing gas contains 
no air; pure displacement of the burned gas from the cylinder is being achieved. 
Then short-circuiting losses start to occur, due to the damming-up or buildup of 
fresh air on the cylinder wall opposite the exhaust ports. The short-circuiting 
fluid flows directly between the scavenge ports and the exhaust ports above them. 
Since this damming-up of the inflowing fresh air back toward the exhaust ports 
continues, short-circuiting losses will also continue. While the scavenging front 
remains distinct as it traverses the cylinder, its turbulent character indicates that 
mixing between burned gas and air across the front is taking place. For both 
these reasons (short-circuiting and short-range mixing), the outflowing gas, once 
the " displacement" phase is over, contains an increasing amount of fresh air. 

Outflowing fluid composition measurements from this model study of a 
Sulzer two-stroke loop-scavenged diesel engine confirm this sequence of events. 
At 24 crank angle degrees after the onset of scavenging, fresh air due to short­
circuiting was detected in the exhaust. At the time the displacement front reached 
the exhaust port (65° after the onset of scavenging), loss of fresh air due to scav­
enging amounted to 13 percent of the scavenge air tlow. The actual plot of degree 
of purity (or '7sc) versus delivery ratio (A) closely followed the perfect displace­
ment line for A < 0.4. For A > 0.4, the shape of the actual curve was similar in 
shape to the complete mixing curve. 

Engine tests confirm these results from model studies. Initially, the 
exhausted gas contains no fresh air or mixture; only burned gas is being dis­
placed from the cylinder. However, within the cylinder both displacement and 
mixing at the interface between burned gas and fresh gas are occurring. The 
departure from perfect scavenging behavior is evident when fresh mixture first 
appears in the exhaust. For loop-scavenged engines this is typically when 
A;:::: 0.4. For uni.flow scavenging this perfect scavenging phase lasts somewhat 
longer ; for cross-scavenging it is over sooner (because the short-circuiting path is 
shorter). 

The mixing that occurs is short-range mixing, not mixing throughout the 
cylinder volume. The jets of scavenging mixture, on entering the cylinder, mix 
readily with gases in the immediate neighborhood of the jet efflux. More efficient 
scavenging- i.e., less mixing- is obtained by reducing the size of the inlet ports 
while increasing their number. 32 It is important that the jets from the inlet ports 
slow down significantly once they enter the cylinder. Otherwise the scavenging 
front will reach the exhaust ports or valves too early. The jets are frequently 
directed to impinge on each other or against the cylinder wall. Swirl in uniflow­
scavenged systems may be used to obtain an equivalent result. 

The most desirable loop-scavenging flow is illustrated in Fig. 6-29. The 
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-----

FIGVRE 6-29 
Desirable air flow i111 loop-scave.nged engine: air from the entering jets impinges on far cylinder wall 
and flows toward the cylinder head.31 

scavenging jets ,~nter symmetrically with sufficient velocity to fill up about half 
the cylinder crosis section, and thereafter flow at lower velocity along the cylinder 
wall toward the cylinder head. By proper direction of the scavenging jets it is 
possible to achii::ve almost no outflow in the direction of the exhaust from the 
cross-hatched stagnation zone on the opposite cylinder wall. In fact, measure­
ment of the velocity profile in this region is a good indicator of the effectiveness 
of the scavengi111g flow. If the flow along the cylinder wall toward the head is 
stable, i.e., if its maximum velocity occurs near the wall and the velocity is near 
zero on the plane perpendicular to the axis of symmetry of the ports (which 
passes through the cylinder axis), the scavenging flow will follow the desired path. 
If there are "tongues" of scavenging flow toward the exhaust port, either in the 
center of the cylinder or along the walls, then significant short-circuiting will 
occur. 31 

ln uniflow-scavenged configurations, the inlet ports are evenly spaced 
around the full circumference of the cylinder and are usually directed so that the 
scavenging jets c:reate a swirling flow within the cylinder (see Fig. 6►24). Results of 
measurements of scavenging front location in rig flow tests of a valved uniflow 
two-stroke diesel cylinder, as the inlet port angle was varied to give a wide range 
of swirl, showed that inlet jets directed tangentially to a circle of half the cylinder 
radius gave the most stable scavenging front profile over a wide range of condi­
tions. 3 3 

Though the scavenging processes in spark-ignition and diesel two-stroke 
engines are similar, these two types of engine operate with quite different delivery 
ratios. In mixtuire-scavenged spark-ignition engines, any significant expulsion of 
fresh fluid with the burned gas results in a significant loss of fuel and causes high 
hydrocarbon emissions as well as loss of the energy expended in pumping the 

Page 275 of 966



244 INTERNAL COMBUSTION ENGINE FUNDAMENTALS 

flow which passes straight through the cylinder. In diesels the scavenging medium 
is air, so only the pumping work is lost. One consequence of this is that two. 
stroke spark-ignition engines are usually crankcase pumped. This approach pro­
vides the maximum pressure and thus also the maximum velocity in the 
scavenging medium at the start of the scavenging process just after the cylindc~r 
pressure has blown down; as tpe crankcase pressure falls during the scavengin1g 
process, the motion of the scavenging front within the cylinder also slows dowin. 
Figure 6-30 shows the delivery ratio and trapping, charging, and scavenging efii. 
ciencies of two crankcase-scavenged spark-ignition engines as a function c::>f 
engine speed. These quantities depend significantly on intake and exhaust po:rt 
design and open period and the exhaust system configuration. 3~

36 For two­
stroke cycle spark-ignition engines, which use crankcase pumping, delivery ratie>s 
vary between about 0.5 and 0.8. 

Figure 6-31 shows scavenging data typical oflarge two-stroke diesels.37 The 
purity (mass of air in trapped cylinder charge/mass of trapped cylinder charge) is 
shown as a function of the delivery ratio. The different scavenging configurations 
have different degrees of effectiveness, with uniflow scavenging being the mo:8t 
efficient. These diesel engines normally operate with delivery ratios in the range 
1.2 to 1.4. 
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FIGURE ~31 
Purity as a function of delivery ratio A for different types of large marine two-stroke diesel engines.3 7 

6.7 FLOW THROUGH PORTS 

The importance of the intake and exhaust ports to the proper functioning of the 
two-stroke cycle scavenging process is clear from the discussion in Sec. 6.6. The 
crank angle at which the ports open, the size, number, geometry, and location of 
the ports around the cylinder circumference, and the direction and velocity of the 
jets issuing from the ports into the cylinder all affect the scave'nging flow. A 
summary of the information available on flow through piston.controlled ports 
can be found in Annand and Roe.16 Both the flow resistance of the inlet and 
exhaust port configurations, as well as the details of the flow pattern produced by 
the port system inside the cylinder during scavenging, are important. Figure 6·32 
defines the essential geometrical characteristics of inlet ports. Rectangular ports 
make best use of the cylinder wall area and give precise timing control. Ports can 
be tapered, and may have axial and tangential inclination as shown. 

Figure 6-33 illustrates the flow patterns expected downstream of piston­
controlled inlet ports. For small openings, the flow remains attached to the port 
walls. For fully open ports with sharp corners the flow detaches at the upstream 
corners. Both a rounded entry and converging taper to the port help prevent flow 
detachment within the port. Discharge coefficients for ports have been measured 
as a function of the open fraction of the port, the pressure ratio across the port, 
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FIGURE &-32 
Parameters which define geometry of inle:t ports.16 

and port geometry and inclination (see Ref. 1~ for a detailed summary). The most 
appropriate reference area for i~valuating the discharge coefficient is the open 
area of the port (see Fig. 6-32). For the open height h p less than (Y - r) but 
greater than r this is 

(6.30) 

where Y is the port height, X th(: port width, and r the corner radius. For hP = Y, 
the reference area is 

AR= XY - 0.86r2 (6.31) 

The effect of variations in geometry and ope.rating conditions on the discharge 
coefficient CD can usually be in1terpreted by reference to the flow patterns illus­
trated in Fig. 6-33. The effects oif inlet port open fraction and port geometry on 
CD are shown in Fig. 6-34: gec•metry effects are most significant at small and 
large open fractions. 2° CD varie·s with pressure ratio, increasing as the pressure 

(a) (b) 

FIGURE &-33 
Flow pattern through piston-controlled i,nlet ports: (a) port axis perpendicular to wall; small opening 
and large opening with sharp and rounded entry; (b) port axis inclined.16 

Page 278 of 966



GAS EXCHANGE PROCESSES 247 

LO.-----------------~-----~-----~ 

/:. Rounded entry, circular ports 

o Rounded entry, square ports 

□ Sharp entry, circular portS 
X Sharp entry, square ports 

0·60'----------,0::-'-.2:---- - --0_..4 ______ 0,.,._.6 _ _____ 0_,_,8 _ ____ __,1.0 

Port open fraction 

FIGURE 6-34 
Discharge coefficients as a function of port open fraction (uncovered height/port height) for different 
inlet port designs. Pressure ratio across port = 2.35. 20 

ratio increases. Empirical relations that predict this variation with pressure ratio 
have been developed. 38 

Tangentially inclined inlet ports are used when swirl is desired to improve 
scavenging or when jet focusing or impingement within the cylinder off the cylin­
der axis is required (see Sec. 6.6.3). The discharge coefficient dec1reases as the jet 
tangential inclination increases. The jet angle and the port an,gle can deviate 
significantly from each other depending on the details of the por1t design and the 
open fraction. 31 

In piston-controlled exhaust ports, the angle of the jet from a thin-walled 
ex_haust port increases as indicated in Fig. 6-35.31 In thick ports, the walls are 
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Angle of jet exiting exhaust port as a function of open port height.11 
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Discharge coefficient of a single rectangular exhaust port (7.6 mm wide x 12.7 mm high) in the wall of 
a St-mm bore cylinder as a function of open fraction and pressure ratio. Steady-flow rig tests at 21°C. 
Pt = cylinder pressure, Pt= exhaust system pressure. 311 

usually tapered to allow the outward flow to diffuse. Tbe pressure ratio across 
the exhaust ports varies substantially during the exham1t process. The pressure 
ratio has a significant effect on the exhaust port discharge coefficient, as shown in 
Fig. 6-36. The changes in exit jet angle and separation po,int explain the effects of 
increasing open fraction and pressure ratio. The dfocharge coefficient also 
increases modestly with increasing gas temperature. 39 

6.8 SUPERCHARGING AND 
TIJRBOCHARGING 

6.8.1 Methods of Power Boosting 

The maximum power a given engine can deliver is limited by the amount of fuel 
that can be burned efficiently inside the engine cylinder. This is limited by the 
amount of air that is introduced into each cylinder each cycle. If the inducted air 
is compressed to a higher density than ambient, prior to entry into the cylinder, 
the maximum power an engine of fixed dimensions can deliver will be increased. 
This is the primary purpose of supercharging; Eqs. (2.:39) to (2.41) show bow 
power, torque, and mean effective pressure are proportional to inlet air density. 
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The term supei•charging refers to increasing the air (or mixture) density by 
increasjng its pressure prior to entering the engine cylinder. Three basic meth9ds 
are used to ac:complish this. The first is mechanical supercharging where a 
separate pump or blower or compressor, usually driven by power taken from the 
engine, provides: the compressed air. The second method is turbocharging, where 
a turbocharger--a compressor and turbine on a single shaft-is used to boost the 
inlet air (or mixture) density. Energy available in the engine's exhaust stream is 
used to drive th,e turbocharger turbine which drives the turbocharger compressor 
which raises the: inlet fluid density prior to entry to each engine cylinder. The 
third method- Jpressure wave supercharging-uses wave action in the intake and 
exhaust systems to compress the intake mixture. The use of intake and exhaust 
manifold tuning to increase volumetric efficiency (see Sec. 6.2.2) is one example of 
this method of increasing air density. An example of a pressure wave super­
charging device is the Comprex, which uses the pressure available in the exhaust 
gas stream to compress the inlet mixture stream by direct contact of the fluids in 
narrow flow channels (see Sec. 6.8.5). Figure 6-37 shows typical arrangements of 
the different supercharging and turbocharging systems. The most common 
arrangements u:se a mechanical supercharger (Fig. 6-37a) or turbocharger (Fig. 
6-37b). Combinations of an engine-driven compressor and a turbocharger (Fig. 
6-37c) are used (e.g., in large marine engines; Fig. 1-24). Two-stage turbocharging 
(Fig. 6-37d) is o:ne viable approach for providing very high boost pressures (4 to 
7 atm) to obtain higher engine brake mean effective pressures. Turbocompound­
ing, i.e., use of a second turbine in the exhaust directly geared to the engine drive 
shaft (Fig. 6-37e), is an alternative method of increasing engine power (and 
efficiency). Charge cooling with a heat exchanger (often called an aftercooler or 
intercooler) afte:r compression, prior to entry to the cylinder, can be used to 
increase further the air or mixture density as shown in Fig. 6-37/ 

Supercharging is used in four-stroke cycle engines to boost the power per 
unit displaced volume. Some form of supercharging is necessary in two-stroke 
cycle engines to raise the fresh air (or mixture) pressure above the exhaust pres­
sure so that the cylinder can be scavenged effectively. With additional boost in 
two-stroke cycle: engines, the power density is also raised. This section reviews the 
operating characteristics of the blowers, compressors, turbines, and wave­
compression devices used to increase inlet air or mixture density or convert 
exhaust-gas availability to work. The operating characteristics of supercharged 
and turbochargf:d engine systems are discussed in Chap. 15. 

6.8.2 Basic Rtelationships 

Expressions for the work required to drive a blower or compressor and the work 
produced by a turbine are obtained from the first and second laws of thermody­
namics. The firs1t law, in the form of the steady flow energy equation, applied to a 
control volume around the turbomachinery component is 

Q! - W = ,h[(h + C
2 

+ gz) -(h + c2 + gz) ] (6.32) 
2 out 2 In 
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FIGURE 6-37 
Supercharging and turbocharging configurations: (a) mechanical supercharging; (b) turbocharging; (c) 
engine-driven compressor and turbocha1rger; (d) two-stage turbocharging; (e) turbocharging with 
turbocompounding; (/) turbocharger witth intercooler. C Compressor, E Engine, / Inter-cooler, T 
Turbine. 
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where Q is the heat-transfer rate into the control volume, W i:s the shaft work­
transfer rate out of the control volume, mis the mass flow1 h is the specific enth­
alpy, C2 /2 is the specific kinetic energy, and gz is the specific potential energy 
(which is not important and can be omitted). 

A stagnation or total enthalpy, h0 , can be defined as 

c2 
h0 = h + 2 (6.33) 

For an ideal gas, with constant specific heats, a stagnation or total temperature 
follows from Eq. (6.33): 

c2 

To=T+-2 
cP 

(6.34) 

A stagnation or total pressure is also defined: it is the pressure attained if the gas 
is isentropically brought to rest: 

(

To)y/(y-1) 
Po =p -

T 
(6.35) 

Q in Eq. (6.32) for pumps, blowers, compressors, and turbines is usually small 
enough to be neglected. Equation (6.32) then gives the work-transfer rate as 

- W = m(ho, out - ho, ;J (6.36) 

A component efficiency is used to relate the actual work-transfer rate to the 
work-transfer rate required (or produced) by an equivalent reversible adiabatic 
device operating between the same pressures. The second law is then used to 
determine this reversible adiabatic work-transfer rate, which is that occurring in 
an isentropic process. 

For a compressor, the compressor isentropic efficiency 'le is 

reversible power requirement 
'le - ------------ (6.37) 

- actual power requirement 

Figure 6-38 shows the end states of the gas passing through a ,:ompressor on an 
h-s diagram. Both static (p1, p2) and stagnation (p0 i, p02) constant-pressure lines 
are shown. The total-to~total isentropic efficiency is, from Eq. (6.37), 

ho2s - ho1 
~CTT = 

hoz - ho1 

which, since cP is essentially constant for air, or fuel-air mixture, becomes 

To2s - Toi 
'1CIT = 

To2 - Tot 

Since the process 01 to 02s is isentropic, 

~

02)(y- l)/y 
To2s = To1 -

01 

(6.38) 

(6.39) 
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Equation (6.39) becomes 

s 

FIGURE 6-38 
Enthalpy-entropy diagram for compressor. Inlet 
state 01, exit state 2; equivalent isentropic com. 
pressor exit state 2s. 

(6.40) 

In deriving Eq. (6.40) it has been tacitly assumed that the kinetic energy 
pressure head (p02 - p2) can be recovered. In internal combustion engine applica­
tions the compressor feeds the engine via a large manifold, and much of this 
kinetic energy will be dissipated. The blower or compressor should be designed 
for effective recovery of this kinetic energy before the exit duct. Since the kinetic 
energy of the gas leaving the compressor is not usually recovered, a more realistic 
definition of efficiency is based on exit static conditions :40 

(6.41} 

This is termed the total-to-static efficiency. The basis on which the efficiency is 
calculated should always be clearly stated. 

The work-transfer rate or power required to drive the compressor is 
obtained by combining Eq. (6.36), the ideal gas model, and Eq. (6.40): 

(6.42) 

where the subscript i denotes inlet mixture properties. If flcrs is used to define the 
compressor performance, then p2 replaces p0 2 in Eq. (6.42). Equation (6.42) gives 
the thermodynamic power requirement. There will also be mechanical losses in 
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the blower or compressor. Thus the power required to drive the device, - We,», 

will be 

(6.43) 

where tfm is the blower or compressor mechanical efficiency. 
Figure 6-39 shows the gas states at inlet and exit to a turbine on an h-s 

diagram. State 03 is the inlet stagnation state; 4 and 04 are the exit static and 
stagnation states, respectively. States 4s and 04s define the static and stagnation 
exit states of the equivalent reversible adiabatic turbine. The turbine isentropic 
efficiency is defined as 

actual power output 
l1T = reversible power output 

(6.44) 

Thus, the total-to-total turbine efficiency is 

(6.45) 

If the exhaust gas is modeled as an ideal gas with constant speci.Jli~ heats, then Eq. 
(6.45) can be written 

(6.46) 

Note that for exhaust gas over the temperature range of inteirest, cP may vary 
significantly with temperature (see Figs. 4-10 and 4-17). 

PoJ 
h 

\ 
\ 
\ 1f 
\ ,;, 
\ 

\ P04 
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P4 

s 

FIGURE 6-39 
Enthalpy-entropy diagram for a turbine. Inlet 
state 03, exit state 4; ,equivalent isentropic 
turbine exit state 4s. 
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Since the kinetic energy at the exit of a turbocharger turbine is usuall)f 
wasted, a total-to-static turbine isentropic efficiency, where the reversible adia,­
batic power output is that obtajned between inlet stagnation conditions and th1~ 

exit static pressure, is more realistic:40 

(6.47) 

The power delivered by the turbine is given by [Eqs. (6.36) and (6.46)] 

(6.48) 

where the subscript e denotes exhaust gas properties. If the total-to-static turbine 
efficiency (11ns) is used in the relation for Wr , then p4 replaces p04 in Eq. (6.48). 
With a turbocharger, the turbine is mechanically linked to the compressor. 
Hence, at constant turbocharger speed, 

(6.49) 

where 11m is the mechanical efficiency of the turbocharger. The mechanical losses 
are mainly bearing friction losses. The mechanical efficiency is usually combined 
with the turbine efficiency since these losses are difficult to separate out. 

It is advantageous if the operating characteristics of blowers, compressors, 
and turbines can be expressed in a manner that allows easy comparison between 
different designs and sizes of devices. This can be done by describing the per•­
formance characteristics in terms of dimensionless numbers.40 The most impor•­
tant dependent variables are: mass flow rate m, component isentropic efficiency '7, 
and temperature difference across the device L\ T0 . Each of these are a function of 
the independent variables: Po, in • Po, out (or PouJ, T0 , In, N(speed), D(characteristic 
dimension), R(gas constant), y (cp/c.,),and µ(viscosity) ; i.e., 

m, ,,, A To = I (po, In ' Po. out, To. In' N, D, R, y, µ) (6.50) 

By dimensional analysis, these eight independent variables can be reduced to four 
dimensionless groups: 

,n,JRTo, in ATo -I( ND Po, out .!!!._ ) 
2 ' ,,, - --;::==, ' ' y 

Po, in D To, in JR T0 , in Po, in µD 
(6.51) 

The Reynolds number, ,nf(µD), has little effect on performance and y is fixed by 
the gas. Therefore these variables can be omitted and Eq. (6.51) becomes 

mJRTo, in ATo _ I( ND Po.out) 

Po. inD
2 

' ,,, To. in - jRTo, in' Po. In 
(6.52) 
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for a particular device, the dimensions are fixed and the value of R is fixed. So it 
bas become the convention to plot 

mL[: a To 1( N Po oul) ----'----......= , ~. --= ---,~ 
Po, lo To, lo ~ Po, in 

{6.53) 

mJr;:JPo. in is referred to as the corrected mass flow; NJ.Jr;,,: is referred to as 
the corrected speed. The disadvantage of this convention of removing D and R is 
that the groups of variables are no longer dimensionless, and performance plots 
or maps relate to a specific machine. 

Compressor characteristics are usually plotted in terms of 'the pressure ratio 
(p02/p01) or (J,2/p01) against the corrected mass flow (mjr;:/p,01) along lines of 
constant corrected speed (N / jr;:). Contours of constant effo~ency are super­
posed. Similar plots are used for turbines: p03/p4 against mftc,3/p03 along lines 
of constant N /K,. Since these occupy a narrow region of the turbine per­
formance map, other plots are often used (see Sec. 6.8.4). 

6.8.3 Compressors 

Practical mechanical supercharging devices can be classified into: (1) sliding vane 
compressors, (2) rotary compressors, and (3) centrifugal compressors. The first 
two types are positive displacement compressors; the last type i8 an aerodynamic 
compressor. Four different types of positive displacement compressors are illus­
trated in Fig. 6-40. 

In the sliding vane compressor (Fig. 6-4Oa), deep slots are (::ut into the rotor 
to accommodate thin vanes which are free to move radially. The rotor is 
mounted eccentrically in the housing. As the rotor rotates, the centrifugal forces 
acting on the vanes force them outward against the housing, the,reby dividing the 
crescent-shaped space into several compartments. Ambient air i1s drawn through 
the intake port into each compartment as its volume increasei, to a maximum. 
The trapped air is compressed as the compartment volume decrieases, and is then 
discharged through the outlet port. The flow capacity of the sliding vane com­
pressor depends on the maximum induction volume which is determined by the 
housing cylinder bore, rotor diameter and length, eccentricity, 1ciumber of vanes, 
dimensions of the inlet and outlet ports. The actual flow rate and pressure rise at 
constant speed will be reduced by leakage. Also, heat transfer from the moving 
vanes and rotor and stator surfaces will reduce compression efficiency unless 
cooling is used to remove the thermal energy generated by fric:tion between the 
vanes, and the rotor and stator. The volumetric efficiency can vary between 0.6 
and 0.9 depending on the size of the machine, the quality of the design, and the 
method of lubrication and cooling employed. The displaced vo1Jume V0 is given 
by 

V0 = ne1(2r + e) (6.54) 
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where r is the rotor radius, e the eccentricity, and I the axial length of the com­
pressor. The mass fl.ow rate parameter is 

~ 
-=--

0
------

5
"-'-
1
d = constant x p1 rtuN el(2r + e) (6.55) 

Po/Ps1d 

where t1v is the device volumetric efficiency, N its speed, and the subscripts i, 0 
and std refer to inlet, inlet stagnation, and standard atmospberic conditions, 
respectively. Figure 6-41 shows the performance characteristics of a typical 
sliding vane compressor. The mass flow rate at constant speed depends on the 
pressure ratio only through its (weak) effect on volumetric efficiency. The isentro­
pic efficiency is relatively low.41 

An alternative positive displacement supercharger is the roots blower (Fig. 
6-40b). The two rotors are connected by gears. The working :principles are as 
follows. Air trapped in the recesses between the rotor lobes and the housing is 
carried toward the delivery port without significant change in ,volume. As these 
recesses open to the delivery line, since the suction side is closed!, the trapped air 
js suddenly compressed by the backflow from the higher-press1ure delivery line. 
This intermittent delivery produces nonuniform torque on the rntor and pressure 
pulses in the delivery line. Roots blowers are most suitable for small pressure 
ratios (about 1.2). The volumetric efficiency depends on the running clearances, 
rotor length, rotational speed, and pressure ratio. In the thre:e-lobe machines 
shown (two lobes are sometimes used) the volume of each recess Vit is 

s1-
Q, ~ 

-~ 
e 
i 
c!: 

VR = 0.546R21 
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FIGURE 6-41 
Performance map for sliding vane compressor.41 
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where R is the rotor radius and l the blower length. The .mass flow parameter is 

rhJTo/ 'fs,~i = constant x PirfvNR2/ (6.56) 
Po/ Ps1d 

A performance map of a typical small roots blower is shown in Fig. 6-42. It is 
similar in character to that of the sliding vane compressor. At constant speed, the 
flow rate depends on increasing pressure ratio only through the resulting 
decrease in volumetric efficiency (Eq. 6.56).41 The advantage of the roots blower 
is that its performance range is not limited by surge and choking as is the cen­
trifugal compressor (see below). Its disadvantages are its high noise level, poor 
efficiency, and large size.42 

Screw compressors (Fig. 6-40c and d) must be precision machined to 
achieve close tolerances between rotating and stationary elements for satisfactory 
operation. They run at speeds between 3000 and 30,000 rev/min. It is usually 
necessary to cool the rotors internally. High values of volumetric and isentropic 
efficiency are clairned.41 

A centrifugal compressor is: primarily used to boost inlet air or mixture 
density coupled with an exhaust--driven turbine in a turbocharger. It is a single­
stage radial flow device, well suited to the high mass flow rates at the relatively 
low pressure ratios (up to about 3.5) required by the engine. To operate efficiently 
it must rotate at high angular speed. It is therefore much better suited to direct 
coupling with the exhaust-driven turbine of the turbocharger than to mechanical 
coupling through a gearbox to th1e engine for mechanical supercharging. 
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FIGURE 6-42 
Performance map at standard inlet conditions for roots blower.42 
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Diffuser 

' 

----+----

The centrifugal compressor consists of a stationary inlet casing, a rotating 
bladed impellor, a stationary diffuser (with or without vanes), and a collector or 
volute to bring the compressed air leaving the diffuser to the engine intake system 
(see Fig. 6-43). Figure 6-44 indicates, on an h-s diagram, how each component 
contributes to the overall pressure rise across the compressor. Air at stagnation 
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FIGURE 6-44 
Enthalpy-entropy diagram for flow 
through centrifugal compressor. 
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state O is accelerated in the inlet to pressure p1 and v-elocity C1 . The enthalpy 
change 01 to 1 is Cr/2. Compression in the impeller flow passages increases the 
pressure to p2 and velocity to C2 , corresponding to a stagnation state 02 if all the 
exit kinetic energy were recovered. The isentropic equivalent compression process 
has an exit static state 2s. The diffuser, 2 to 3, converts as much as practical of the 
air kinetic energy at exit to the impeller ( Cj/2) to a pressure rise (p3 - p2) by 
slowing down the gas in carefulJy shaped expanding passages. The final state, in 
the collector, has static pressure p3 , low kinetic energy Ci/2, and a stagnation 
pressure p03 which is Jess than p02 since the diffusion process is incomplete as 
well as irreversible. 40 

The work transfer to the gas occurs in the impeller. It can be related to the 
change in gas angular momentum via the velocity components at the impeller 
entry and exit, which are shown in Fig. 6-45. Here C1 and C2 are the absolute gas 
velocities, U 1 and U 2 are the tangential blade velocitie:s, and w1 and w2 are the 
gas velocities relative to the impeller all at inlet (1) and exit (2), respectively. The 
torque T exerted on the gas by the impeller equals the rate of change of angular 
momentum: 

T = m(r2 C82 - r 1Co1) 

The rate of work transfer to the gas is given by 

(6.57) 

-We= Tro = mro(r2 C02 - r1C01) = m.(U2 C02 - U1C01) (6.58) 

---Actual 

- - - - !4cal (no slip) 

I - -1 --

~-u, __ _ 

- With prewhirl 

- - - Without prewhitl 

FIGURE 6-45 
Velocity diagrams at inlet (1) and exit (2) to centrifugal compressor rotor or impeller.4 0 
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Tbjs is often callled the Euler equation. Normally in compressors the inlet flow is 
aidal so C01 = 01. Thus Eq. (6.58) can be written: 

- ~c = U2 clh = u2(1 - c.2 cot P2) {6.59) 
m U2 

where /32 is the backsweep angle, In the ideal case with no slip, /J2 is the blade 
angle, Pu1 • In practice, there is slip and {32 is less than /32b. Many compressors 
have radial van.es (i.e., /32b = 90°). A recent trend is backswept vanes (/3 2b < 90°) 
which give higher efficiency. Since work transfer to the gas occurs only in the 
impeller, the work-transfer rate given by Eq. (6.59) equals the change in stagna­
tion enthalpy (h03 - h01) in Fig. 6-44 [see Eq. (6.36)] , 

The operating characteristics of the centrifugal compressor are usually 
described by a performance map. This shows lines of constant compressor effi­
ciency t'/c , andl constant corrected speed N / ~ , on a plot of pressure 
ratio Po, 011Jp0 , in against corrected mass flow mJT;:JPo. 10 [see Eq. (6.53)]. 
Figure 6-46 indicates the form of such a map. The stable operating range in the 
center of the map is separated from an unstable region on the left by the surge 
line. When the mass flow is reduced at a constant pressure ratio, local flow 
reversal eventu~Llly occurs in the boundary layer. Further reductions in mass flow 
cause the flow to reverse completely, causing a drop in pressure, This relieves the 
adverse pressur1e gradient. The flow reestablishes itself, builds up again, and the 
process repeats. Compressors should not be operated in this unstable regime. The 
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Schematic of compressor operating map showing 
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FIGURE 6-47 
Centrifugal compressor operating map. 
Lines of constant corrected speed and 
compressor efficiency are plotted on a 
graph of pressure ratio against corrected 
mass flow.43 

stable operating regime is limited on the right by choking. The velocities increase 
as ri1 increases, and eventually the~ flow becomes sonic in the limiting area of the 
machine. Extra mass flow through the compressor can only be obtained by 
higher speed. When the diffuser is choked, compressor speed may rise substan­
tially with only a limited increase in the mass flow rate.40 

Figure 6-47 shows an actuall turbocharger compressor performance map. Tn 
practice, the map variables corrected speed and mass flow rate are usually 
defined as44 

( 
T_ )l/2 

N cor == N T, re~ 
0, in 

• • (To, ln)
1
'
2
( Pref) mcor == m -- --

1'rcr Po, in 

(6.60) 

where 7;.ef and Pref are standard atmospheric temperature and pressure, respec­
tively. Though the details of diffc::rent compressor maps vary, their general char­
acteristics are similar. The high efficiency region runs parallel to the surge line 
(and close to it for vaneless diffusers). A wide flow range for the compressor (see 
Fig. 6-46) is important in turbochargers used for transportation applications. 
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6,8.4 Turbines 

'fhe turbocharg1:::r turbine is driven by the energy available in the engine exhaust. 
The ideal energy available is shown in Fig. 6-48. It consists of the blowdown 
work transfer p,roduced by expanding the gas in the cylinder at exhaust valve 
opening to atmospheric pressure (area abc) and (for the four-stroke cycle engine) 
the work done by the piston displacing the gases remaining in the cylinder after 
blowdown (area cdef). 

The reciprncating internal combustion engine is inherently an unsteady pul­
sating flow device. Turbines can be designed to accept such an unsteady flow, but 
they operate more efficiently under steady flow conditions. In practice, two 
approaches for recovering a fraction of the available exhaust energy are com­
monly used: constant-pressure turbocharging and pulse turbocharging. In 
constant-pressure turbocharging1 an exhaust manifold of sufficiently large volume 
to damp out th1e mass flow and pressure pulses is used so that the flow to the 
turbine is essentially steady. The disadvantage of this approach is that it does not 
make full use of the high kinetic energy of the gases leaving the exhaust port; the 
Josses inherent :in the mixing of this high-velocity gas with a large volume of 
tow-velocity gas cannot be recovered. With pulse turbocharging, short small­
cross-section pipes connect each exhaust port to the turbine so that much of the 
kinetic energy associated with the exhaust blowdown can be utilized. By suitably 
grouping the diifferent cyUnder exhaust ports so that the exhaust puJses are 
sequential and have minimum overlap, the flow unsteadiness can be held to an 
acceptable level. The turbine must be specifically designed for this pulsating flow 
to achieve adequate efficiencies, The combination of increased energy available at 
the turbine, with reasonable turbine efficiencies, results in the pulse system being 
more commonly used for larger dieseJs.4° For automotive engines, constant­
pressure turbochiarging is used. 

Two types of turbines are used in turbochargers : radial and axial flow tur­
bines. The radiall flow turbine is similar in appearance to the centrifugal compres­
sor; however, tbte flow is radially inward not outward. Radial flow turbines are 

p 

Peh = charging pressure 
Pa = ambient pressure 

V 

FIGURE 6-48 
Constant-volwne cycle p-V diagram showing 
available exhaust energy. 
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Schematic of radial flow turbioe. 

normally used in automotive or truck applications. Larger engines-locomotive, 
stationary, or marine-use axial flow turbines. 

A drawing of a radial flow turbine is shown in Fi~:. 6-49. It consists of an 
inlet casing or scroll, a set of inlet nozzles (often omitted with small turbines), and 
the turbine rotor or wheel. The function of each component is evident from the 
h-s diagram and velocity triangles in Fig. 6-50. The no1.2:les (01-2) accelerate the 
flow, with modest loss in stagnation pressure. The drop in stagnation enthalpy, 
and hence the work transfer, occurs solely in the rotor passages, 2-3: hence, the 
rotor is designed for minimum kinetic energy C~/2 at exit. The velocity triangles 
at inlet and exit relate the work transfer to the change in angular momentum via 
the Euler equation: 

Wr = Tw = mw(rz Col - r3 Co3) = m(U2 Co2 - U3 Co3) (6.61) 

where T is the torque and ro the rotor angular speed. Foir maximum work trans­
fer the exit velocity should be axial. The work-transfer ralte relates to the change 
in stagnation enthalpy via 

Wr = m(h02 - h03) = 1n(h01 - h03) (6.62) 

The turbine isentropic efficiency is given by Eqs. (6.44) to (6.47). 
Many different types of plots have been used to deifine radial flow turbine 

characteristics. Figure 6•51 shows lines of constant correc:ted speed and efficiency 
on a plot of pressure ratio versus corrected mass flow ratie. As flow rate increases 
at a given speed, it asymptotically approaches a limit corresponding to the flow 
becoming choked in the stator nozzle blades or the rotor. For turbines, efficiency 
is usually presented on a different diagram because the operating regime in Fig. 
6-51 is narrow. Figure 6-52 shows an alternative plot for a radial turbine: cor­
rected mass flow rate against corrected rotor speed. On this map, the operating 
regime appears broader. 

A schematic of a turbocharger axial flow turbine is shown in Fig. 6-53. 
Usually a single stage is sufficient to expand the exhaust gas efficiently through 
the pressure ratios associated with engine turbocharging. This turbine consists of 
an annular flow passage, a single row of nozzles or stator blades, and a rotating 
blade ring. The changes in gas state across each component are similar to those 
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of the radial turbine shown in the h-s diagram of Fig. 6-50. The velocity triangles 
at entry and exit to the rotor, shown in Fig. 6-54, relate the work transfer from 
the gas to the rotor to the change in angular momentum: 

" 
lro1 

(a) 

Wr = roT = ,nw(r2 C02 + r3 Cq
3

) 

Pt 

tj 
2 

P2 

(bl 

c2 
2 

2 

s 

F1GURE 6-50 
(a) Enthalpy-eu1tropy diagram for 
radial turbine. (b) Velocity diagrams 
at turbine rotor inlet (2) and exit (3). 
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FIGURE t>-51 
Radial turbine performance map showing lines of constant corrected speed and efficiency on a plot of 
pressure ratio versus corrected mass flow rate. T03 = turbine inlet temperature (K), p03 = turbine inlet 
pressure (bar), p4 ;;; turbine exit pressure (bar), ,h = mass flow rate (kg/s), N = speed (rev/min).40 

Since the mid-radius r2 usually equals the mid-radius r3 , 

Wr = mU(C82 + C03) = rnU(C2 sin ix2 + C3 sin ixl) 

= mU(Cz2 tan /32 + Cz3 tan /33) (6.63) 

Equation (6.62) relates the work-transfer rate to the stagnation enthalpy change 
as in the radial turbine. 

Figure 6-55 shows axial turbine performance characteristics on the stan­
dard dimensionless plot of pressure ratio versus corrected mass flow rate. Here 
the constant speed lines converge to a single choked flow limit as the mass flow is 
increased. In the radial turbine, the variation in centrifugal effects with speed 
cause a noticeable spread in the constant speed lines (Fig. 6-51). 

An alternative performance plot for turbines is efficiency versus blade speed 
ratio. This ratio is the blade speed U (at its mean height) for an axial flow turbine 
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FlGURE 6-52 
Alternative radial turbine performance map: corrected mass flow rate is plotted against corrected 
rotor speed.4 s 

or the wheel tip speed for a radial fl.ow turbine, divided by the velocity equivalent 
of the isentropic: enthalpy drop across the turbine stage, Cs; i.e., 

Blade speed ratio = i 
s 

where (6.64) 

1 
E,;it 

Inlet 

FIGURE 6-53 
Blade ring Schematic of single-stage axial flow turbine. 
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Rotor blades 

FIGURE 6-54 
Velocity diagrams at entry (2) and exit (3) t,o axial flow turbine blade ring.40 
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FIGURE 6-55 
Axial flow turbine perfonnance map: pressure 
ratio is plotted against corrected mass flow rate. 
T03 = turbine inlet temperature (K), p03 = 
turbine inlet pressure (bar), p4 = turbine exit 
pressure (bar), m = mass flow rate (kg/s), 
N = speed (rev/min).40 
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FIGURE 6--56 
Plot of turbine total-to-static efficiency versus blade speed ratio U /C. for (n) axial flow and (b) radial 
flow turbines,40 

This method of displaying performance is useful for matching compressor and 
turbine wheel size for operation of the turbine at optimum efficiency. Figure 6-56 
shows such plots for an axial and radial flow turbine. The peak efficiency can 
occur for 0.4 < U/Cs < 0.8, depending on turbine design and application.40 

For a given turbocharger, the compressor and turbine characteristics are 
linked. Since the compressor and turbine are on a common shaft with speed N: 

_!!_ _ _!!___ (To3)
112 

F,;- A To1 
(6.65) 

For ,nc = rhT = m (if mc[l + (F/A)] = mT, the equation is easily modified): 

m}T;; = ,t1/7½ (Po3)(To1)
1
'
2 

(6_66) 
Poi Po3 Poi To3 

Since the compressor and turbine powers are equal in magnitude: 

ho2 - ho1 = 11m(ho3 - ho4) (6.67) 

or, with an ideal gas model, 

CP,dT02 - Toi) = 11m Cp,T(To3 - To4) 

Equation (6.68), with Eqs. (6.40) and (6.46), gives 

......Q..! - 1 = f/cf/r'1m :J!i.!. 1 - _i_ ......21 (p )h•c-1)/yc C [ ( p )(n·-1)/YT] T, 

Poi cp,c PoJ Toi 

(6.68) 

(6.69) 

Assuming that the turbine exit pressure p4 equals atmospheric pressure p011 the 
equilibrium or steady-state t'unning lines for constant values of T03/T01 can be 
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FIGURE 6-57 
Steady-state turbocharger operating 
lines plotted as constant T03/T01 line,s 
on compressor map. Turbine charac;. 
teristics defined by Fig. 6-51. Po, =, 
compressor inlet pressure (bar), p02 =· 
compressor el\.it pressure (bar), T01 =, 
compressor inlet temperature (K), 
T03 = turbine inlet temperature (K), 
m = mass flow rate (kg/s), N = speed 
(rev/min).40 

determined. Figure 6-57 shows an example of such a set of turbocharger charac-• 
teristics, plotted on a turbocharger compressor map for a radial turbine with 
characteristics similar to Fig. 6-51. The dash-dot-dash line is for p 02 = p03 . To 
the right of this line, p03 > p02 ; to the left of this line p02 > p03 . 40 

The problem of overspeeding the turbocharger and generating very high 
cylinder pressures often requires that some of the exhaust be bypassed around the~ 
turbine. The bypass valve or wastegate is usually built into the turbocharger 
casing. It consists of a spring-loaded valve acting in response to the inlet mani­
fold pressure on a controlling diaphragm. When the wastegate is open, only a 
portion of the exhaust gases will fl.ow through the turbine and generate power; 
the remainder passes directly into the exhaust system downstream of the turbine. 

6.8.S Wave-Compression Devices 

Pressure wave superchargers make use of the fact that if two fluids having differ­
ent pressures are brought into direct contact in long narrow channels, equi­
lization of pressure occurs faster than mixing. One such device, the Comprex, ha:s 
been developed for internal combustion engine supercharging which operate:s 
using this principle.46 It is shown schematically in Fig. 6-58. The working chan­
nels of the Comprex are arranged on a rotor or cell wheel (b) which is rotated 
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FIGURE 6-58 
Schematic of Comprex supercharger.47 a Engine, b 
Cell wheel or rotor, c Belt drive, d High-pressure 
exhaust gas (G-HP), e High-pressure air (A-HP), f 
Low-pressure air (A-LP), g Low-pressure exhaust 
gas (G-LP) 

between two castings by a belt driven from the crankshaft (c). There is no contact 
between the rotor and the casing, but the gaps are kept small to minimize 
leakage. The belt drive merely overcomes friction and maintains the rotor at a 
speed proportional to engine speed (usually 4 or 5 times faster): it provides no 
compression work. One casing (the air casing) contains the passage which brings 
low-pressure air (f) to one set of ports and high-pressure air (e) from another set 
of ports in the rotor-side inner casing. The other casing (the gas casing) connects 
the high-pressure engine exhaust gas (d) to one set of ports at the other end of the 
rotor, and connects a second set of ports to the exhaust system (g). Fluid can flow 
into and out of the rotor channels through these ports. The exhaust gas inlet port 
is made small enough to cause a significant pressure rise in the exhaust manifold 
(e.g., 2 atm) when the engine is operated at its rated power. The pres·sure wave 
process does not depend on the pressure and flow fluctuations within the mani­
fold caused by individual cylinder exhaust events: its operation can be explained 
assuming constant pressure at each set of ports. As the rotor makes one revol­
ution, the ends of each channel are alternatively closed, or are open to a flow 
passage. By appropriate arrangement of these passages and selection of the 
geometry and location of the ports, an efficient energy transfer between the 
engine exhaust gases and the fresh charge can be realized.46 

The wave-compression process in the Comprex can be explained in more 
detail with the aid of Fig. 6-59, where the rotational motion of the channels has 
been unrolled. Consider the channel starting at the top; it is closed at both ends 
and contains air at atmospheric pressure. As it opens at the upper edge of the 
high-pressure gas (G-HP) duct, a compression or shock wave (1) propagates from 
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":.:> 
A-LP 

FIGURE 6-59 
Unrolled view of the Comprex pressure-wave 
process.47 A Air, G Gas, S Scavenging, HP High 
pressure, LP Low pressure; CP, EP, GP are 
pockets. 

the right end of the channel toward the left, compressing the air through which it 
passes. The compressed air behii11d the wave occupies less space so the high­
pressure exhaust gas moves into tlhe channel as indicated by the dotted line. This 
line is the boundary between the two fluids. As this wave (1) reaches the left end, 
the channel is opened and compressed air flows into the engine inlet duct (A-HP). 
The inlet duct is shaped to provilde the same mass flow at lower velocity: this 
deceleration of the air produces a second compression wave (2) which propagates 
back into the channel. As a result the compressed air leaving the cell on the left 
has a higher pressure than the dri1ving gas on the right. As this wave (2) arrives at 
the right-hand side, the high-pressure gas (G-HP) channel closes. An expansion 
wave (3) then propagates back tio the left, separating the now motionless and 
partly expanded fluid on the right from still-moving fluid on the left. When this 
wave (3) reaches the left-hand end, A-HP is closed and all the gases in the 
channel are at rest Note that the first gas particles (dotted line) have not quite 
reached the air end of the channel: a cushion of ah remains to prevent break­
through. 

The cell's contents are still at a higher pressure than the low pressure in the 
exhaust gas duct When the right--hand end of the cell reaches this duct, the cell's 
contents expand into the exhaust. This motion is transferred through the channel 
by an expansion wave (4) which propagates to the left at sonic speed. When this 
wave reaches the left-hand end, the cell opens to the low-pressure air duct (A-LP) 
and fresh air is drawn into the cell. The flow to the right continues, but with 
decreasing speed due to wave action (5, 6, 7, 8) and pressure losses at each end of 
the cell. When the dotted line-tlhe interface between air and the exhaust gas­
reaches the right end of the cell, all the driving gas has left. The cell is then 
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urged by the scavenging air flow (A-S) and filled with fresh aiir at atmospheric 
~ressure. At wave (9), the cell is closed at both ends, restoring it to its initial 

47 state. 
The speed of these pressure waves is the local sound speed and is a function 

of local gas temperature only. Thus, the above process will only work properly 
for a given exhaust gas temperature at a particular cell speed. The operating 
range is extended by the use of "pockets" as shown in Fig. 6-59. The pockets 
prevent the reflection of sound waves from a closed channel <md which would 
cause a substantial change in flow velocity in the channel. These: pockets, marked 
CP and EP on the air side and GP on the exhaust gas side, allow flow from one 
channel to adjacent channels via the pocket if the wave action requires it. Thus 
the device can be tuned for full-load medium-speed operation and still give 
acceptable performance at other loads and speeds because the pockets allow the 
particle paths to change without major losses.46 

Figure 6-60 shows the apparent compressor performance map of a 
comprex when connected to a small three-cylinder diesel engi1ne. Note that the 
map depends on the engine to which the device is coupled because the exhaust 
gas expansion process and fresh air compression process occur within the same 
rotor. The volume flow rate is the net air: it is the total air flow into the device 
less the scavenging air flow. The values of isentropic efficiency [defined by Eq. 
(6.39)] are comparable to those of mechanical and aerodynamic compressors. 
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FIGURE 6-60 
Apparent compressor map of 
Comprex connected to a l .2-dro3 

diesel engitJ,e: charge-air pressure 
ratio plotted versus net air 
volume flow rate (total air flow 
Jess scavenging air flow).46 
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PROBLEMS 
6.1. A conventional spark-ignition engine operating with gasoline will not run smoothly 

(due to incomplete combustion) with an equivalence ratio leaner than about cJ> == 0.8. 
It is desirable to extend the smooth operating limit of the engine to leaner equiva­
lence ratios so that at part-throttle operation (with intake pressure less than 1 
atmosphere) the pumping work is reduced. Leaner than normal operation can be 
achieved by adding hydrogen gas (H2) to the mixture in the intake system. The 
addition of H2 makes the fuel-air mixture easier to burn. 
(a) The fuel composition with "mixed" fuel operation is H 2 + C8H 18-one mole of 

hydrogen to every mole of gasoline, which is assumed the same as isooctane. 
What is the stoichiometric air/fuel ratio for the" mixed" fuel? 

(I>) The lower heating value of H2 is 120 MJ/kg and for isooctane is 44.4 MJfkg. 
What is the heating value per kilogram of fuel mixture? 

(c) Engine operation with isoc,ctane and the mixed (H2 + C8H18) fuel is compared 
in a particular engine at a. part-load condition (brake mean effective pressure of 
275 k.Pa and 1400 rev/min). You are given the following information about the 
engine operation: 

Fuel 
Equivalence ratio 
Gross indicated fuel conversion efficiency 
Mechanical rubbing friiction mep 
Inlet manifold pressurn 
Pumping mep 

CsH1s 
0.8 
0.35 

138 kPa 
46 kPa 
55 kPa 

H2 + C8H18 
0.5 
0.4 

138 kPa 
? 
? 

Estimate approximately the inlet manifold pressure and the pumping mean 
effective pressure with (H2 + C8H 18) fuel. Explain your method and assumptions 
clearly. Note that mechanical efficiency ,,,,. is defined as 

bmep bmep 
~ =•--= 
'" imep9 bmep + rfmep + pmep 

6.2. Hydrogen is a possible futurn fuel for spark-ignition engines. The lower heating 
value of hydrogen is 120 MJ/kg and for gasoline (C8H 14) is 44 MJ/kg. The stoichio­
metric air/fuel ratio for hydrogen is 34.3 and for gasoline is 14.4. A disadvantage of 
hydrogen fuel in the SI engine is that the partial pressure of hydrogen in the H2-air 
mixture reduces the engine's volumetric efficiency, which is proportional to the 
partial pressure of air. Find thie partial pressure of air in the intake manifold down• 
stream of the hydrogen fuel-injection location at wide-open throttle when the total 
intake manifold pressure is l atmosphere; the equivalence ratio is 1.0. Then estimate 
the ratio of the fuel energy per unit time entering a hydrogen-fueled engine operating 
with a stoichiometric mixture to the fuel energy per unit time entering an identical 
gasoline-fueled engine operating at the same speed with a stoichiometric mixture. 
(Note that the " fuel energy" pc:r unit mass of fuel is the fuel's heating value.) 

6.l. Sketch (a) shows an ideal cyde p-V diagram for a conventional throttled spark­
ignition engine, t-2-3-4-S-6-7-1. The gas properties Cu, cP, y, R throughout the cycle 
are constant. The mass of gas i111 the cylinder is m. The exhaust pressure is Pe. 

$ketch (b) shows an id1eal cycle p-V diagram 1-2-3-4-5-6-8-1 for a spark­
ignition engine with novel inlet valve timing. The inJet manifold is unthrottled; it has 
essentially the same pressure as the exhaust. To reduce the mass inducted at part 
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load, the inlet valve is closed rapidly partway through the intake stroke at point 8. 
The gas in the cylinder at inlet valve closing at 8 is then expanded isentropically to 1 
with the inlet valve closed. The pressure p1 at the start of compression is the same 
for both cycles. 
(a) Indicate on p-V diagrams the area that corresponds to the pumping work per 

cycle for cycles (a) and (b). Which area is greater? 
(b) Derive expressions for the pumping work per cycle ~ in terms of m, cv, y, Ti, 

(pe/p1), and the compression ratio r, for cycles (a) and (b). Be consistent about the 
signs of the work transfers to and from the gas. 

(c) For y = 1.3, ,.r = 8, and (pJp 1) = 2 find the ratio WP(b)/WP(a), assuming the 
values of T1 and m are the same in both cases. 

6.4. For four-stroke cycle engines, the inlet and exhaust valve opening and closing crank 
angles are typicaUy: IVO 15° BTC· IVC 50° ABC; EVO 55° BBC; EVC 10° ATC. 
Ex-plain why these valve timfogs improve engine breathing relative to valve opening 
and closing at the beginnings and ends of the intake and exhaust strokes. Are there 
adclitional design issues that are important? 

6.5. Estimate approximately the pressure drop across the inlet valve about halfway 
through the intake stroke and across the exhaust valve halfway through the exhaust 
stroke, when the piston speed is at its maximum for a typical four-stroke cycJe 
spark-ignition engine with B = L = 85 mm at 2500 and 5000 rev/min at WOT. 
Assume appropriate values for any valve and port geometric details required, and 
for the gas composition and state. 

6.6. Using the data in Fig. 6-21, estimate the fraction of the original mass left in the 
cylinder: (a) at the end of the blowdown process and (b) at the end of the exhaust 
stroke. 

6.7. Compare the engine residual gas fraction data in Fig. 6-19 with ideal cycle estimates 
of residual gas fraction as follows. Using Eq. (5.47) plot the fuel-air cycle residual 
mass fraction x, against pJp. for r, = 8.5 on the same graph as the engine data in 
Fig. 6-19 at 1400 rev/min and 27° valve overlap. Assume 7;. = 1400 K and (y - 1)/ 
y = 0.24 in Eq. (5.47). Suggest an explanation for any significant difference. 
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6.8. One concept that would increase SI engine efficiency is early intake valve closing 
(EIVC) where the intake valve closes before the piston re:aches BC on the intake 
stroke, thus limiting the amount of charge inducted into the cylinder. 
(a) Explain why EIVC improves engine efficiency at part load. (Hint: consider what 

must happen to the inlet manifold pressure in order to maintain constant mass in 
the cylinder as the intake valve is closed sooner.) 

(b) This part load reduction in charge could be achieved b,y using late intake valve 
closing where the intake valve is not closed until the compression stroke has 
pushed some of the cylinder gases back out into the intake manifold. Based on a 
comparison of p-V diagrams, is this metJ1od inferior to EI VC? 

6.9. An eight-cylinder turbocharged aftercooled four-stroke cyde diesel engine operates 
with an inlet pressure of 1.8 atmospheres at its maximum rated power at 2000 rev/ 
min. B = 128 mm, L = 140 mm, 1/u (based on inlet manifold conditions of 1.8 alm 
and 325 K after the aftercooler) = 0.9. The compressor isentropic efficiency is 0.7. 
(a) Calculate the power required to drive the turbocharger compressor. 
(b) If the exhaust gas temperature is 650°C and the turboch:arger isentropic efficiency 

is 0.65, estimate the pressure at turbine inlet. The turbi:ne exhausts to the atmo­
sphere. 

6.10. The charging efficiency of two-stroke cycle diesel engines can be estimated from 
measurement of the concentration of 0 2 and CO2 in the burned gases within the 
cylinder, or in the exhaust blowdown pulse prior to any mixing with fresh air. The 
engine bore= 125 1nm, stroke= 150 mm, compression ratio = 15. The fuel flow rate 
at 1800 rev/min is 1.6 g/s per cylinder. The conditions used to evaluate the air 
density for the reference mass are 300 K and 1 atm. The molar concentrations (dry) 
of CO2 and 0 2 in the in-cylinder burned gases are 7.2 amd 10.4 percent (see Fig. 
4-22). The scavenging air flow rate is 80 g/s. Evaluate (a) tl~e charging efficiency, (b) 
the delivery ratio, and (c) the trapping efficiency {assuming the trapped mass equals 
the reference mass). 
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7.1 SPARK-IGNITION ENGINE MIXTURE 
REQUIREMENTS 

The task of the engine induction and fuc:::l systems is to prepare from ambient air 
and fuel in the tank an air-fuel mixture that satisfies the requirements of the 
engine over its entire operating regime. In principle, the optimum air/fuel ratio 
for a spark-ignition engine is that which gives the required power output with the 
lowest fuel consumption, consistent with smooth and reliable operation. In prac­
tice, the constraints of emissions control may dictate a different air/fuel ratio, and 
may also require the recycling of a fraction of the exhaust gases (EGR) into the 
intake system. The relative proportions of fuel and air that provide the lowest 
fuel consumption, smooth reliable operation, and satisfy the emissions require­
ments, at the required power level, dep1end on engine speed and load. Mixture 
requirements and preparation are usually discussed in terms of the air/fuel ratio 
or fuel/air ratio (see Sec. 2.9) and percent EGR [see Eq. (4.2)]. While the fuel 
metering system is designed to provide the appropriate fuel flow for the actual air 
flow at each speed and load, the relative proportions of fuel and air can be stated 
more generally in terms of the fuel/air 1equivalence ratio </>, which is the actual 
fuel/air ratio normalized by dividing by the stoichiometric fuel/air ratio [Eq. 

279 
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(3.8)]. The combustion characteristics of fuel-air mixture~, and the properties of 
combustion products, which govern engine performance:, efficiency, arid emis­
sions, correlate best for a wide range of fuels relative to the stoichiometric 
mixture proportions. Where appropriate, therefore, the equivalence ratio will be 
used as the defining parameter. A typical value for the stoichiometric air/fuel 
ratio of gasoline is 14.6.t Thus, for gasoline, 

(7.1) 

The effects of equivalence ratio variations on engine combustion, emissions, 
and performance are discussed more fully in Chaps. 91, 11, and 15. A brief 
summary is sufficient here. Mixture requirements are diffeirent for full-load (wide­
open throttle) and for part-load operation. At the former operating condition, 
complete utilization of the inducted air to obtain maxinrnm power for a given 
displaced volume is the critical issue. Where less than the: maximum power at a 
given speed is required, efficient utilization of the fi,el is the critical issue. At 
wide-open throttle, maximum power for a given volumetr:ic efficiency is obtained 
with rich-of-stoichiometric mixtures, </> ~ 1.1 (see the discussion of the fue1-air 
cycle results in Sec. 5.5.3). Mixtures that are richer still are sometimes used to 
increase volumetric efficiency by increasing the amount of charge cooling that 
accompanies fuel vaporization [see Eq. (6.5)], thereby increasing the inducted air 
density. 

At part-load (or part-throttle) operating conditions, it is advantageous to 
dilute the fuel-air mixture, either with excess air or with recycled exhaust gas. 
This dilution improves the fuel conversion efficiency for three reasons:1 (1) the 
expansion stroke work for a given expansion ratio is incr,eased as a result of the 
change in thermodynamic properties of the burned gast,s- see Secs. 5.5.3 and 
5.7.4; (2) for a given mean effective pressure, the intake :pressure increases with 
increasing dilution, so pumping work decreases-see Fig. 5-10; (3) the heat losses 
to the walls are reduced because the burned gas tempera.tures are lower. In the 
absence of strict engine NOx emission requirements, excess air is the obvious 
diluent, and at part throttle engines have traditionally opc:rated lean. When tight 
control of NOx , HC, and CO emissions is required, operaLtion of the engine with 
a stoichiometric mixture is advantageous so that a threi~-way catalystt can be 
used to clean up the exhaust. The appropriate diluent is then recycled exhaust 
gases which significantly reduces NOx emissions from the engine itself. The 
amount of diluent that the engine will tolerate at any given speed and load 
depends on the details of the engine's combustion process. Increasing excess air 

t Typical value only. Most gasolines have (A/F), in the range 14.4 to 14.7. (A/F), could lie between 
14.1 a11d 15.2. 

t A three-way catalyst system, when operated with a close-10-stoicbiotnetric mixture, achieves sub• 
stantial reductions in NO,. , CO, and HC emissions simultaneously; see Sec. 11.6.2. 
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r the amount of recycled exhaust slows down the combustion process and 
?ncreases its variability from cycle to cycle. A certain minimum combustion 
J peatability or stability level is required to maintain smooth e:ngine operation. 
;eterioration in combustion stability therefore limits the amount of dilution an 
ngine can tolerate. As load decreases, less dilution of the fresh mixture can be 

;oJerated because the internal dilution of the mixture with residual gas increases 
(see Sec. 6.4). At idle conditions, the fresh mixture will not usually tolerate any 
EGR and may need to be stoichiometric or fuel-rich to obtain adequate com­
bustion stability. 

Mixture composition requirements over the engine load and speed range 
are illustrated schematically for the two approaches outlined above in Fig. 7-1. If 
stoichiometric operation and EGR are not required for emissions control, as load 
increases the mixture is leaned out from a fuel-rich or close-to-stoichiometric 
composition at very light load. As wide-open throttle operation is approached at 
each engine speed, the mixture is steadily enriched to rich-of-stoi,chiometric at the 
maximum bmep point. With the stoichiometric operating conditions required for 
three-way-catalyst-equipped engines, when EGR is used, the percentage of re­
cycled exhaust increases from zero at light load to a maximum at mid-load, and 
then decreases to zero as wide-open throttle conditions are: approached so 
maximum bmep can be obtained. Combinations of these strategies are possible. 
For example, lean operation at light load can be used for be:st efficiency, and 

-e. 1.2 Low Mid 12 
0 I I High speed 
-~ I ' I ., 14 A 
() LO F 5 
~ / 16 .?:; 
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$ 0.8 18 
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20 "'= 1.0 
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~ 
Ul 

0 100% 
Intake mass flow rate 

FIGURE 7•1 
Typical mixture requirements for two common operating strategies, Top diagram shows equivalence 
ratio variation with intake mass flow rate (percent of maximum flow at rated sp,eed) at constant low, 
mid, and high engine speeds. Bottom diagram shows recycled exhaust (EGR) sch1edule as a function of 
intake flow rate, for low, mid, and high speeds for stoichiometric operation. 
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stoichiometric mixtures (with a three-way catalyst) and/or EGR can be used at 
mid loads to control NO.x emissions. 

In practicaJ spark-ignition engine induction system:s, the fuel and air dis­
tribution between engine cylinders is not uniform (and also varies in each individ­
ual cylinder on a cycle-by-cycle basis). A spread of one or more air/fuel ratios 
between the leanest and richest cylinders over the engine':;; load and speed range 
is not uncommon in engines with conventional carburetors. The average mixture 
composition must be chosen to avoid excessive combustion variability in the 
leanest operating cylinder. Thus, as the spread in mixture nonuniformity 
increases, the mean equivalence ratio must be moved toward stoichiometric and 
away from the equivalence ratio which gives minimum fuel consumption. 

7.2 CARBURETORS 

7.2.1 Carburetor Fundamentals 

A carburetor has been the most common device used to control the fuel flow into 
the intake manifold and distribute the fuel across the air stream. In a carburetor, 
the air flows through a converging-diverging nozzle called a venturi. The pressure 
difference set up between the carburetor inlet and the thrnat of the nozzle (which 
depends on the air flow rate) is used to meter the appropriate fuel flow for that 
air flow. The fuel enters the air stream through the fuel discharge tube or ports in 
the carburetor body and is atomized and convected by the air stream past the 
throttle plate and into the intake manifold. Fuel evaporation starts within the 
carburetor and continues in the manifold as fuel droplets move with the air flow 
and as liquid fuel flows over the throttle and along the manifold walls. A modern 
carburetor which meters the appropriate fuel flow into the air stream over the 
complete engine operating range is a highly developed and complex device. There 
are many types of carburetors; they share the same basic 1concepts which we will 
nowexamme. 

Figure 7-2 shows the essential components of an 1elementary carburetor. 
The air enters the intake section of the carburetor (1) from the air cleaner which 
removes suspended dust particles. The air then flows into the carburetor venturi 
(a converging-diverging nozzle) (2) where the air velocity increases and the pres­
sure decreases. The fuel level is maintained at a constamt height in the float 
chamber (3) which is connected via an air duct (4) to the carburetor intake 
section (1). The fuel flows through the main jet (a calibrated orifice) (5) as a result 
of the pressure difference between the float chamber and the venturi throat and 
through the fuel discharge nozzle (6) into the venturi throat where the air stream 
atomizes the liquid fuel. The fuel-air mixture flows through the diverging section 
of the venturi where the flow decelerates and some pressure recovery occurs. The 
flow then passes the throttle valve (7) and enters the intake manifold. 

Note that the flow may be unsteady even when eng.ine load and speed are 
constant, due to the periodic filling of each of the engine cylinders which draws 
air through the carburetor venturi. The induction time, 1/(2N) (20 ms at 1500 
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3 

FIGURE 7-2 
Schematic of elementary carburetor. 

1 Inlet section 
2 Venturi throat 
3 Float chamber 
4 Pressure equalizing passage 
5 Calibrated orifice 
6 Fuel discharge lube 
7 Throttle plate 

rev/min), is the characteristic time of this periodic cylinder filling process. Gener­
ally, the characteristic times of changes in throttle setting are longer ; it takes 
several engine operating cycles to reestablish steady-state engine operation after a 
sudden change in throttle position.2 It is usuaJly assumed that the flow processes 
in the carburetor can be modeled as quasi steady. 

FLOW THROUGH THE VENTURI. Equation (C.8) in App. C relates the mass 
flow rate of a gas through a flow restriction to the upstream stagnation pressure 
and temperature, and the pressure at the throat. For the carburetor venturi: 

111a = Cv1.ArPo (Pr)t/y{~ [i - (Pr)(y - 1)/y]}112 (7_2) 
faro Po 'Y - 1 Po 

where Cv,r and AT are the discharge coefficient and area of the venturi throat, 
respectively. If we assume the velocity at the carburetor inlet can be neglected, 
Eq. (7.2) can be rearranged in terms of the pressure drop from upstream condi­
tions to the venturi throat for the air stream, D.pa = Po - Pr, as 

(7.3) 

where 

If> = [(-'Y-) (pT/Po) 21" - (pT/Poi;, + l )/;,]!/l 

'Y - 1 1 - (pr/ Po) 
(7.4) 

and accounts for the effects of compressibility. Figure C-3 shows the value of (J} as 
a function of pressure drop. For the normaJ carburetor operating range, where 
Apa/Po ~ 0.1, the effects of compressibility which reduce cJ> below 1.0 are small, 

FLOW THROUGH THE FUEL ORIFICE. Since the fuel is a liquid and therefore 
essentially incompressible, the fuel flow rate through the main fuel jet is given by 
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Eq. (C.2) in App. C as 

(7.S) 

where Cn
0 

and A0 are the discharge coefficient and area of the orifice, respec­
tively, 6.p I is the pressure difference across the orifice, and the orifice area is 
assumed much less than the passage area. Usually, the fuel level in the float 
chamber is held below the fuel discharge nozzle, as shown in Fig. 7-2, to prevent 
fuel spillage when the engine is inclined to the horizontal (e.g., io a vehicle on a 
slope). Thus, 

6.pf = l!i.po - P1 gh 

where his typically of order 10 mm. 
The discharge coefficient C0 0 in Eq. (7.5) represents the effect of all devi­

ations from the ideal one-dimensional isentropic flow. It is influenced by many 
factors of whicb the most important are the following: (1) fluid mass flow ratej (2) 
orifice length/diameter ratio; (3) orifice/approach-area ra.tio; (4) orifice surface 
area; (5) orifice surface roughness; (6) orifice inlet and e:xit chamfers; (7) fluid 
specific gravity; (8) fluid viscosity; and (9) fluid surface t,:nsion. The use of the 
orifice Reynolds number, Re0 = pVD0/µ, as a correlating parameter for the dis­
charge coefficient accounts for effects of mass flow rate, fluid density and vis­
cosity, and length scale to a good first approximation. The discharge coefficient 
of a typical carburetor main fuel-metering system orifice increases smoothly with 
increasing Re0 . 

3 

CARBURETOR PERFORMANCE. The air/fuel ratio delivered by this carburetor 
is given by 

(:) = !; = (~::)(~:)(:~Y/l(Ap
0 

~p;fghy

12

<1> (7.6) 

and the equivalence ratio¢ [ = (A/ F)J (A/F)J by 

<J> = (A/ F)s (Cn•)(Aa)(f!.L)
1
'
2
(l _ E.J..i.~) 11

2 

'1> Cnr Ar Pao 6.p" 
(7.7) 

where (A/F)s is the stoichiometric air/fuel ratio. The terms A0 , Ar, p1 , and Pao 
are all constant for a given carburetor, fuel, and ambient c,onditions. Also, except 
for very low flows, p I gh ~ Apa. The discharge coefficients, C Do and C Dr, and <I> 
vary with flow rates, however. Hence, the equivalence ratio of the mixture 
delivered by an elementary carburetor is not constant. 

Figure 7-3 illustrates the performance of the elementary carburetor. The top 
set of curves shows how <I>, Cnr , and C0 • typically vary with the venturi pressure 
drop.4 Note that for Apa< p1 gh there is no fuel flow. Once fuel starts to flow, as 
a consequence of these variations the fuel flow rate increases more rapidly than 
the air flow rate. The carburetor delivers a mixture of increasing fuel/air equiva­
lence ratio as the flow rate increases. Suppose the venturi and orifice are sized to 
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FIGURE 7-3 
Performance of elementary carburetor; varia­
tion of Cn7 , Cn. , ~. m 1 (A/F)s, m0 , and equiva­
lence ratio </> with venturi pressure drop. 

give a stoichiometric mixture at an air flow rate corresponding to 1 kN/m2 

venturi pressun; drop (middle graph in Fig. 7-3). At higher air flow rates, the 
carburetor will deliver a fuel-rich mixture; at very high flow rates it will even­
tually deliver an essentially constant equivalence ratio. At lower air flow rates, 
the mixture deliivered leans out rapidly. Thus, the elementary carburetor cannot 
provide the variation in mixture ratio which the engine requires over the com­
plete load range, at any given speed (see Fig. 7-1). 

The deficiencies of the elementary carburetor can be summarized as 
follows: 

t. At low loads: the mixture becomes leaner; the engine requires the mixture to 
be enriched a1t low loads . 

.2. At intermediate loads, the mixture equivalence ratio increases slightly as the 
air flow incre:ases. The engine requires an almost constant equivalence ratio. 

3. As the air flow approaches the maximum wide-open throttle value, the equiva­
lence ratio remains essentially constant. However, the mixture equivalence 
1·atio should increase to 1.1 or greater to provide maximum engine power. 

4. The elementary carburetor cannot compensate for transient phenomena in the 
intake manifold. Nor can it enrich the mixture during engine starting and 
warm-up. 

5. The elementary carburetor cannot adjust to changes in ambient air density 
(due primarily to changes in altitude). 

7.2.2 Modern Carburetor Design 

The changes required in the elementary carburetor so that it provides the eqttiva­
lence ratio vers1us air fl.ow distribution shown in Fig. 7-1 are: 
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1. The main metering system must be compensated to provide essentially constant 
lean 01r stoichiometric mixtures over the 20 to 80 percent air flow range. 

2. An idle system must be added to meter the fuel flow at idle and Jight loads. 
3. An endchment system must be added so the engine can provide its maximum 

power as wide-open throttle is approached. 
4. An accelerator pump which injects additional fuel when the throttle is opened 

rapidly is required to maintain constant the equivalence ratio delivered to the 
engine cylinder. 

5. A choi~e must be added to enrich the mixture during engine starting and 
warm-up to ensure a combustible mixture within each cylinder at the time of 
ignition. 

6. Altitud'e compensation is required to adjust the fuel flow to changes in air 
density. 

In atddition, it is necessary to increase the magnitude of the pressure drop 
available for controlling the fuel flow. Two common methods used to achieve this 
are the following. 

BOOST VENTURIS. The carburetor venturi should give as large a vacuum at the 
throat as possible at maximum air flow, within the constraints of a low pressure 
loss acros:s the complete venturi and diffuser. In a single venturi, as the diameter 
of the throat is decreased at a given air flow to increase the flow velocity and 
hence the: metering signal at the throat, the pressure loss increases. A higher 
vacuum signal at the venturi throat and higher velocities for improved atom­
ization cam be obtained without increasing the overall pressure loss through the 
use of multiple venturis. Figure 7-4 shows the geometry and the pressure distribu­
tion in a typical double-venturi system. A boost venturi is positioned upstream of 
the throat of the larger main venturi, with its discharge at the location of 
maximum velocity in the main venturi. Only a fraction of the air flows through 
the boost venturi. Since the pressure at the boost venturi exit equals the pressure 

T 
hi, 

1 j_ 

T 

FIGURE 7-4 
Schematic of carburetor double-venturi system. 
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at the main venturi throat a higher vacuum ll.pb = Pm ghb is obtained at the boost 
venturi throat which can be used to obtain more precise metering of the fuel (Pm 
is the manometer fluid density), Best results are obtained with the boost venturi 
e:xit slightly upstream ( ~ 5 mm) of the main venturi throat. Because only a frac­
tion of the total air flow goes through the boost venturi, the use of multiple 
venturis makes it possible to obtain a high velocity air stream (up to 200 m/s) 
where the fuel is introduced at the boost venturi throat, and adequate vacuum, 
and to reduce the pressure loss across the total venturi system, without increasing 
the height of the carburetor. The fuel is better atomized in the smaller boost 
venturi with its higher air velocity, and since thjs air and fuel mixture is dis­
charged centrally into the surrounding venturi, a more homogeneous mixture 
results. The vacuum developed at the venturi throat of a typical double-venturi 
system is about twice the theoretical vacuum of a single venturi of the same flow 
area, 5 A triple-venturi system can be used to give further increases in metering 
signal. The overall discharge coefficient of a multiple-venturi carburetor is lower 
than a single-venturi carburetor of equal cross-sectional area. The throat area of 
the main venturi in a multiple-venturi system is usually increased, therefore, 
above the single-venturi size to compensate for this. Some decrease in air stream 
velocity is tolerated to maintain a high discharge coefficient (and hence a high 
volumetric efficiency).6 

MULTIPLE·BARREL CARBURETORS. Use of carburetors with venturi systems in 
parallel is a common way of maintaining an adequate part-load metering signal, 
high volumetric efficiency at wide-open throttle, and minimum carburetor height 
as engine size and maximum air flow increases. As venturi size in a single-barrel 
carburetor is increased to provide a higher engine air flow at maximum power~ 
the venturi length increases and the metering signal generated at low flows 
decreases. Maximum wide-open throttle air flow is some 30 to 70 times the idle 
air flow (the value depending on engine displacement). Two-barrel carburetors 
usually consist of two single-barrel carburetors mounted in parallel. Four-barrel 
carburetors consist of a pair of two-barrel carburetors in parallel, with throttle 
plates compounded on two shafts. Air flows through the primary barrel(s) at low 
and intermediate engine loads. At higher loads, the throttle plate(s) on the sec­
ondary barrel(s) (usually of larger cross-sectional area) start to open whe11 the air 
flow exceeds about 50 percent of the maximum engine air flow. 

There are many different designs of complete carburetors. The operating 
principles of the methods most commonly used to achieve the above listed modi­
fications will now be reviewed. Figure 7-5 shows a schematic of a conventional 
modern carburetor and the names of the various components and fuel passages. 

COMPENSATION OF MAIN METERING SYSTEM. Figure 7-6 shows a main fuel­
metering system with air•bleed compensation. As the pressure at the venturi 
throat decreases, air is bled through an orifice (or series of orifices) into the main 
fuel well. This flow reduces the pressure difference across the main fuel-metering 
orifice which no longer experiences the full venturi vacuum. The mixing of bleed 
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FIGURE '7-5 
Schematic •:>f modern carburetor. 

I Main venturi 
2 Boost venturi 
3 Main metering spray tube or nozzle 
4 Air-bleed orifice 
5 Emlllsion tube or well 
6 Main fotel-metering orifice 
7 Float chamber 

\0 

8 Throttle plate 
9 Idle air-bleed orifice 

10 Idle fuel orifice 
I I Idle mixture orifice 
12 Transition orifice 
13 Idle mixture adjusting screw 
14 fdle throttle selling adjusting screw 

Fuel enter~: the air stream from the main metering system through (3). At idle, f,1el enters air at (11). 
During tra:nsition, rue! enters at (11), (12), and (3). (Cow•tes.v S.p.A.E. Weber.) 

air with the fuel forms an emulsion which atomizes more uniformly to smaller 
drop size:s on injection at the venturi throat. The schematic in Fig. 7"6 illustrates 
the operating principle. When the engine is not running, the fuel is at the same 
level in ilhe float bowl and in the main well. With the engine running, as the 
throttle plate is opened, the air flow and the vacuum in the venturi throat 
increase. For t!pu( = p0 - Pu) < p I ghi, there is no fuel flow from the main meter~ 
ing system. For p1 gh 1 < /.ip11 < p1 gh2 , only fuel flows through the main well and 
nozzle, and the system operates just like an elementary carburetor. For /.ipu > 
p I gh2 , air enters the main well together with fuel. The amount of air entering the 
well is controlled by the size of the main air-bleed orifice. The amount of air is 

Po Po 

FIGURE 7-o 
Schematic of main metering system with air-bleed 
compensation. 
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sJllall and does not significantly affect the composition of the mixture. The air­
bleed mass flow rate is given by 

rnab = Cnb Ab[2(po - p3)Pa] 112 (7.8) 

where CDb and Ab are the discharge coefficient and the area of the air-bleed 
orifice. The fuel mass flow rate through the fuel orifice is given by 

1111 ~ CD0Ao[2(p1 - P2)Pr] 112 (7.9) 

where 

and 

The density of the emulsion Pcm in the main well and nozzle is usually 
approximated by 

p - map+ '"r (7.10) 
cm - thaJPa + rh1/P1 

Since typical values are p1 = 730 kg/m3 and Pa= 1.14 kg/m 3, usually p1 ► 
Pcm ► Pa. Thus, as the air-bleed fl.ow rate increases, the height of the column of 
emulsion becomes less significant. However, the decrease in emulsion density due 
to increasing air bleed increases the flow velocity, which results in a significant 
pressure drop across the main nozzle. Tltis pressure drop depends on nozzle 
length and diameter, fuel flow rate, bleed air flow rate, relative velocity between 
fuel and bleed air, and fuel properties. It is determined empirically, and has been 
found to correlate with Pem [as defined by Eq. (7.10)]. 2 • 6 The pressure loss at the 
main discharge nozzle with two-phase flow can be several times the pressure loss 
with single-phase flow. 

Figure 7-7 illustrates the behavior of the system shown in Fig. 7-6: ma, m1 , 

and the fue1/air equivalence ratio </> are plotted against il.p11 • Once the bleed 
system is operating (L\p11 > p I gh2) the fuel flow rate is reduced below its equiva­
lent elementary carburetor value {the Ab = 0 line). As the bleed orifice area is 
increased, in the limit of large Ab and neglecting the pressure losses in the main 
nozzle, the fuel flow rate remains constant (Ab ➔ oo ). An appropriate choice of 
b1eed orifice area Ab will provide the desired equivalence ratio versus pressure 
drop or air flow characteristic. 

Additional control flexibility is obtained in practice through use of a second 
orifice, or of a series of holes in the main well or emulsion tube as shown in Fig. 
7-5. Main metering systems with controlled air bleed provide reliable and stable 
control of mixture composition at part throttle engine operation. They are 
simple, have considerable design flexibility, and atomize the fuel effectively. In 
some carburetor designs, an additional compensation system consisting of a 
tapered rod or needle in the main metering orifice is used. The effective open area 
of the main metering orifice, and hence the fuel flow rate, can thus be directly 
related to throttle position (and manifold vacuum). 

A wide range of two-phase flow patterns can be generated by bleeding an 
air flow into a liquid flow. Fundamental studies of the generation and flow of 
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FIGURE 7-7 
Metering characteristics of system with air-bleed 
compensation: mass flow rate of air 1i1a, mass 
flow rate of fuel n11 , and equivalence ratio ¢ as 
functions of venturi pressure drop for different 
air-bleed orifice areas Ab. 

two-phase mixtures in small diameter tubes with bleed holes similar to those used 
in carburetors have been carried out. 7 For a given pipe and bleed hole size, the 
type of flow pattern set up depends on the flow rates of the two phases. 

IDLE SYSTEM. The idle system is required because at low air flows through the 
carburetor insufficient vacuum is created at the venturi throat to draw fuel into 
the air stream. However, at idle and light loads, the manifold vacuum is high, 
with the pressure drop occurring across the almost-closed throttle plate. This low 
manifold pressure at idle is exploited for the idle fuel system by connecting the 
main fuel well to an orifice in the throttle body downstream of the throttle plate. 
Figure 7-5 shows tbe essential features of an idle system. The main well (5) is 
connected through one or more orifices (10), past one or more idle air-bleed 
orifices (or holes) (9), past an idle mixture adjusting screw (13), to the idle dis­
charge port (11) in the throttle body. Emulsifying air is admitted into the idle 
system [at (9) and (12)] to reduce the pressure drop across the idle port and 
permit larger-sized ports (which are easier to manufacture) to be used. Satisfac­
tory engine operation at idle is obtained empirically by means of the idle throttle 
position stop adjustment (14) and the idle mixture adjustment (13). As the throttle 
is opened from its idle position, the idle metering system performs a transitional 
function. One or more holes (12) located above the idle discharge port (11) assist 
as air bleeds when the throttle is at or near its 'dJe position. As the throttle plate 
opens and the air flow increases, these additional discharge holes are exposed to 
the manifold vacuum. Additional fuel is forced out of these holes into the air 
stream to provide the appropriate mixture ratio. As the throttle plate is opened 
further, the main fuel metering system starts to supply fuel also. Because the two 

Page 322 of 966



SJ ENGINE FUEL ME'l'ERING AND MANIFOLD PHENOMENA 291 

ystems are coupled, they interact and the main system behavior in this transition 
5 
egion is modified by the fuel flow through the idle system. The total combined 

~uel flow provides a rich (or close-to-stoichiometric) mixture at idle, a progressive 
leaning of the mixture as air flow increases, and eventually (as the main system 
takes over full control of the fuel flow rate) an approximately constant mixture 
composition. 

pOWER ENRICHMENT SYSTEM. This system delivers additioinal fuel to enrich 
the mixture as wide-open throttle is approached so the engine can deliver its 
rnaximurn power. The additional fuel is normally introduced via a submerged 
valve which communicates directly with the main discharge nozzle, bypassing the 
metering orifice. The valve, which is spring loaded, is operated either mechani­
cally through a linkage with the throttle plate (opening as the throttle approaches 
its wide-open position) or pneumatically (using manifold vacuum). 

ACCELERATOR PUMP. When the throttle plate is opened rapidly, the fuel-air 
mixture flowing into the engine cylinder leans out tempora:rily. The primary 
reason for this is the time lag between fuel flow into the air stream at the carbu­
retor and the fuel flow past the inlet valve (see Sec. 7.6.3). Wbilie much of the fuel 
flow into the cylinder is fuel vapor or small fuel droplets c:arried by the air 
stream, a fraction of the fuel flows onto the manifold and port walls and forms a 
liquid film. The fuel which impacts on the walls evaporates more slowly than fuel 
carried by the air stream and introduces a lag between the air/fuel ratio produced 
at the carburetor and the air/fuel ratio delivered to the cylinder. An accelerator 
pump is used as the throttle plate is opened rapidly to supply additional fuel into 
the air stream at the carburetor to compensate for this leaning effect. Typically, 
fuel is supplied to the accelerator pump chamber from the float chamber via a 
small hole in the bottom of the fuel bowl, past a check valve. A pump diaphragm 
and stem is actuated by a rod attached to the throttle plate lever. When the 
throttle is opened to increase air flow, the rod-driven diaphragm will increase the 
fuel pressure which shuts the valve and discharges fuel past :a discharge check 
valve or weight in the discharge passage, through the accelerator pump discharge 
nozzle(s), and into the air stream. A calibrated orifice controls the fuel flow. A 
spring connects the rod and diaphragm to extend the fuel dlischarge over the 
appropriate time period and to reduce the mechanical strain on the linkage. 

CHOKE. When a cold engine is started, especially at low ambient temperatures, 
the following factors introduce additional special requirementB for the complete 
carburetor: 

I. Because the starter-cranked engine turns slowly (70 to 150 r,ev/min) the intake 
manifold vacuum developed during engine start-up is low. 

2. This low manifold vacuum draws a lower-than-normal fuel flow from the car­
buretor idle system. 
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3. Because of the low manifold temperature and vacuum, fuel evaporation in the 
carburetor, manifold, and inlet port is much reduced. 

Thus, during cranking, the mixture which reaches the engine cylinder would be 
too lean to ignite. Until normal manifold conditions are established, fuel distribu­
tion is also impaired. To overcome these deficiencies and ensure prompt starts 
and smooth operation during engine warm~up, the carburetor must supply a 
fuel-rich mixture. This is obtained with a choke. Once normal manifold condi­
tions are established, the choke must be excluded. The primary element of a 
typical choke system is a plate, upstream of the carburetor, which can close off 
the intake system. At engine start-up, the choke plate is closed to restrict the air 
flow into the carburetor barrel. This causes almost full manifold vacuum within 
the venturi which draws a large fuel flow through the main orifice. When the 
engine starts, the choke is partly opened to admit the necessary air flow and 
reduce the vacuum in the venturi to avoid flooding the intake with fuel. As tbe 
engine warms up, the choke is opened either manually or automatically with a 
thermostatic control. For normal engine operation the choke plate is fully open 
and does not influence carbureto,r performance. A manifold vacuum control is 
often used to close the choke plate partially if the engine is accelerated during 
warm-up. During engine warm-up the idle speed is increased to prevent engine 
stalling. A fast idle cam is rotated 'into position by the automatic choke lever. 

ALTITUDE COMPENSATION.· An inherent characteristic of the conventional 
float type carburetor is that it meters fuel flow in proportion to the air volume 
flow rate. Air density changes with ambient pressure and temperature, with 
changes due to changes in pressure with altitude being most significant. For 
example, at 1500 m above sea lev,el, mean atmospheric pressure is 634 mmHg or 
83.4 percent of the mean sea-level value. While ambient temperature variations, 
winter to summer, can produce changes of comparable magnitude, the tem­
perature of the air entering the 1carburetor for warmed-up engine operation is 
controlled to within much closer tolerances by drawing an appropriate fraction 
of the air from around the exhaust manifold. 

Equation (7.6) shows how the air/fuel ratio delivered by the main metering 
system will vary with inlet air conditions. The primary dependence is through the 
~ term; depending on what is held constant (e.g., throttle setting or air mass 
flow rate) there may be an additi,onal, much smaller dependence through <l> and 
~Pa (see Ref. 5). To a good approximation, the enrichment E with increasing 
altitude z is given by 

1 + E = (F/A)z = (&2)112 
(F/A)o Pa, 

(7.11) 

For z = 1500 m, E = 9.5 percent; thus, a cruise equivalence ratio of 0.9 or 
(A/F) = 16.2 would be enriched to, close to stoichiometric. 

The effects of increase in alltitude on the carburetor flow curve shown in 
Fig. 7-1 are: (1) to enrich the entire part-throttle portion of the curve and (2) to 
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bring in the power-enrichment system at a lower air flow rate due to decreased 
JI}anifold vacuum. To reduce the impact to changes in altitude on engine emis­
sions of CO and HCt modern carburetors are altitude compensated. A number of 
methods can be used to compensate for changes in ambient pressure with 
altitude: 

1, Venturi bypass method. To keep the air volume flow rate thirough the venturi 
equal to what it was at sea-level atmospheric pressure (calibration condition), 
a bypass circuit around the venturi for the additional volume flow is provided. 

z. Auxiliary jet method. An auxiliary fuel metering orifice with a pressure­
controlled tapered metering rod connects the fuel bowl to the main well in 
parallel with the main metering orifice. 

3, Fuel bowl back-suction method. As altitude increases, an aneroid bellows moves 
a tapered rod from an orifice near the venturi throat, admitting to the bowl an 
increasing amount of the vacuum signal developed at the throat. 

4, Compensated air-bleed method. The orifices in the bleed circuits to each carbu­
retor system are fitted with tapered metering pins actuated b:y a single aneroid 
bellows.8 

TRANSIENT EFFECTS. The pulsating and transient nature of the flow through a 
carburetor during actual engine operation is illustrated by the data shown in 
Fig. 7-8.2 The changes in pressure with time in the intake manifold and at the 
boost venturi throat of a standard two-barrel carburetor installed on a pro­
duction V-8 engine are shown as the throttle is opened from light load (22°) to 
wide-open throttle at 1000 rev /min. Note the rapid increase in boost venturi 
suction as the throttle is suddenly opened. This results from the sudden large 
increase in the air flow rate and corresponding increase in air velocity within the 
boost venturi. Note also that the pressure fluctuations decay rapidly, and within 
a few engine revolutions have stabilized at the periodic values associated with the 
new throttle angle. At wide-open throttle, the pulsating nature o,f the flow as each 

22° 

50° 

WOT 
Throttle angle 

Intake manifold vacuum 

Time 

FIGURE 7-8 
Throttle angle, boost venturi suction, and intake 
manifold vacuum variation with time as throttle 
is opened from light load (22°) to wide-open 
throttle at 1000 rev/ tnin. Standard two-barrel 
carburetor and production V-8 enginc.2 
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cylinder draws in its charge is evident. The pressure drop across the main meter­
ing jet also fluctuates. The pulsati1ons in the venturi air flow (and hence fuel flow) 
due to the filling of each cylinder in turn are negligibly small at small throttle 
angles and increase to a maximum at wide-open throttle. At small throttle open­
ings, the choked flow at the throttle plate prevents the manifold pressure fluctua­
tions from propagating upstream into the venturi. The effective time-averaged 
boost venturi suction is greater for the pulsating flow case than for the steady 
flow case. If the ratio of the effective metering signal for a pulse cycle to that for 
steady air flow at the same average mass flow is denoted as 1 + 0 , where n is the 
pulsation factor, then O is related to the amplitude and frequency of pressure 
waves within the intake manifold as well as the damping effect of the throttle 
plate. An empirical equation for n is 

n = C0iiLStant >< (1 - M)pm nR 
Nn,1b 

(7.12) 

where M is the throttle plate Mach number, Pm the manifold pressure, nR the 
number of revolutions per power stroke, N the crank speed, and n cfb the number 
of cylinders per barrel. The value of the constant depends on carburetor and 
engine geometry. For Pm in kiloniewtons per square meter and Nin revolutions 
per minute a typical value for the constant is 7.3. 2 Thus, at wide-open throttle at 
1500 rev/min, n has a value of about 0.2. The transient behavior of the air and 
fuel flows in the manifold are discussed more fully in Sec. 7.6. 

7.3 FUEL-INJECTION SYSTEMS 

7.3.1 Multipoint Port Injection 

The fuel-injection systems for comventional spark-ignition engines inject the fuel 
into the engine intake system. This section reviews systems where the fuel is 
injected into the intake port of each engine cylinder. Thus these systems require 
one injector per cylinder (plus, in some systems1 one or more injectors to supple­
ment the fuel flow during starting and warm-up), There are both mechanical 
injection systems and electronicaUly controlled injection systems. The advantages 
of port fuel injection are increasc~d power and torque through improved volu­
metric efficiency and more unifonn fuel distribution, more rapid engine response 
to changes in throttle position, and more precise control of the equivalence ratio 
during cold-start and engine warm-up. Fuel injection allows the amount of fuel 
injected per cyc1e, for each cylinder, to be varied in response to inputs derived 
from sensors which define actual engine operating conditions. Two basic 
approaches have been developed; the major difference between the two is the 
method used to determine the air Jflow rate. 

Figure 7-9 shows a schematic of a speed-density system, where engine speed 
and manifold pressure and air temperature are used to calculate the engine air 
flow. The electrically driven fuel pump delivers the fuel through a filter to the fuel 
line. A pressure regulator maintains the pressure in the line at a fixed value (e.g., 
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Speed-density electronic multipoint port fuel-injection system: Bosch D-Jetronic System.9 (Courtesy 
Robert Bosch GmbH and SAE.) 

270 kN/m2
, 39 lb/in2

, usually relative to manifold pressure to maintain a con­
stant fuel pressure drop across the injectors). Branch lines lead to each injector ; 
the excess fuel returns to the tank via a second line. The inducted air flows 
through the air filter, past the throttle plate to the intake manifold. Separate 
runners and branches lead to each inlet port and engine cylinder. An electromag­
netically actuated fuel-injection valve (see Fig. 7-10) is located either in the intake 
manifold tube or the intake port of each cylinder. The major components of the 
injector are the valve housing, the injector spindle, the magnetic plunger to which 
the spindle is connected, the helical spring, and the solenoid coil. When the sole­
noid is not excited, the solenoid plunger of the magnetic circuit is forced, with its 
seal, against the valve seat by the helical spring and closes the fuel passage. When 
the solenoid coil is excited, the plunger is attracted and lifts the spindle about 

Valve needle Return spring 

FIGURE 7-10 
Cross section of fuel injector. 10 
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0.15 mm so that fuel can flow through the calibrated annular passage around the 
valve stem. The front end of the injector spindle is shaped as an atomizing pintle 
with a ground top to atomize the injected fuel. The relatively narrow spray cone 
of the injector, shown in the photo in Fig. 7-11, minimizes the intake manifold 
wall wetting with liquid fuel. The mass of fuel injected per injection is controlled 
by varying the duration of the current pulse that excites the solenoid coil. Typical 
injection times for automobile applications range from about 1.5 to 10 ms. 11 

The appropriate coil excitation pulse duration or width is set by the elec­
tronic control unit (ECU). In the speed-density system, the primary inputs to the 
ECU are the outputs from the manifold pressure sensor, the engine speed sensor 
(usually integral with the distributor), and the temperature: sensors installed in the 
intake manifold to monitor air temperature and engine: block to monitor the 
water-jacket temperature- the latter being used to indicate fuel-enrichment 
requirements during cold-start and warm-up. For warm-engine operation, the 
mass of air per cylinder per cycle ma is given by 

(7.13) 

where r,0 is the volumetric efficiency, N is engine speed, p., is the inlet air density, 
and Y,i is the displaced volume per cylinder. The electronic:: control unit forms the 
pulse which excites the injector solenoids. The pulse width depends primarily on 
the manifold pressure; it also depends on the variation in volumetric efficiency Yfu 

with speed N and variations in air density due to variations in air temperature. 
The control unit also initiates mixture enrichment during cold-engine operation 
and during accelerations that are detected by the throttle sensor. 

FIGURE 7-11 
Short time-exposure photograph of liquid fuel spray from Bosch-type injector. (Courtesy Robert 
Bosch Gmbff.) 
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Electronic multipoint port fuel-injection system with air-flow meter: Bosch L-Jetronic system.9 

(Courtesy Robert Bosell GmbH and SAE.) 

Figure 7-12 shows an alternative EFI system (the Bosch L-Jetronic) which 
uses an air-flow meter to measure air flow directly. The air-flow meter is placed 
upstream of the throttle. The meter shown measures the force exerted on a plate 
as it is displaced by the flowing air stream; it provides a voltage proportional to 
the air flow rate. An alternative air-flow measuring approach is to use a hot-wire 
air mass flow meter.10 The advantages of direct air-flow measurement are:12 (1) 
automatic compensation for tolerances, combustion chamber deposit buildup, 
wear and changes in valve adjustments; (2) the dependence of volumetric effi­
ciency on speed and exhaust backpressure is automatically accounted for; (3) less 
acceleration enrichment is required because the air-flow signal precedes the filling 
of the cylinders; (4) improved idling stability; and (5) lack of sensitivity of the 
system to EGR since only the fresh air flow is measured. 

The mass of air inducted per cycle to each cylinder, m0 , varies as 

(7.14) 

Thus the primary signals for the electronic control unit are air flow and engine 
speed. The pulse width is inversely proportional to speed and directly pro­
portional to air flow. The engine block temperature sensor, starter switch, and 
throttle valve switch provide input signals for the necessary adjustments for cold• 
start, warm-up, idling, and wide-open throttle enrichment. 

For cold-start enrichment, one (or more) cold-start injector valve is used to 
inject additional fuel into the intake manifold (see Figs. 7-9 and 7-12). Since short 
opening and closing times are not important, this valve can be designed to 
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provide extremely fine atomizati(>n of the fuel to mmumze the enrichment 
required. 

Mechanical, air-flow-based metering, continuous injection systems are also 
used. Figure 7-13 shows a schematic of the Bosch K-Jetronic system.9 • 10 Air is 
drawn through the air filter, flows past the air-flow sensor, past the throttle valve, 
into the intake manifold, and into ithe individual cylinders. The fuel is sucked out 
of the tank by a roller-cell pump and fed through the fuel accumulator and filter 
to the fuel distributor. A primary pressure regulator in the fuel distributor main­
tains the fuel pressure constant. Excess fuel not required by the engine flows back 
to the tank. The mixture-control unit consists of the air-flow sensor and fuel 
distributor. It is the most important part of the system, and provides the desired 
metering of fuel to the individual cylinders by controlling the cross section of the 
metering slits in the fuel distributor. Downstream of each of these metering slits is 
a differential pressure valve which for different flow rates maintains the pressure 
drop at the slits constant. 

Fuel-injection systems offer s:everal options regarding the timing and loca­
tion of each injection relative to the intake event.10 The K-Jetronic mechanical 
injection system injects fuel continuously in front of the intake valves with the 
spray directed toward the valves. Thus about three-quarters of the fuel required 
for any engine cycle is stored temporarily in front of the intake valve, and one­
quarter enters the cylinder directly during the intake process. 

With electronically controlled injection systems, the fuel is injected inter­
mittently toward the intake valves .. The fuel-injection pulse width to provide the 
appropriate mass of fuel for each cyljnder air charge varies from about 1.5 to 
10 ms over the engine load and speed range. In crank angle degrees this varies 

Injection 
valve 

FIGURE 7-13 

Fuel distributor 

I 
Wann-up 
regulator 

Mechanical multipoint port fuel-injection system: Bosch K-Jetrooic system.9 (Courtesy Robert Bosch 
GmbH and SAE .) 
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f1GURE 7-14 
Injection pulse diagram for O-Jetronic system in six-cylinder engine.10 

from about 10° at light load and low speed to about 300° at maximum speed and 
load. Thus the pulse width varies from being much less than to greater than the 
duration of the intake stroke. To reduce the complexity of the electronic control 
unit, groups of injectors are often operated simultaneously. In the Bosch L­
Jetronic system, all injectors are operated simultaneously. To achieve adequate 
mixture uniformity, given the short pulse width relative to the intake process over 
much of the engine load-speed range, fuel is injected twice per cycle; each injec­
tion contributes half the fuel quantity required by each cylinder per cycle. (This 
approach is callled simultaneous double-firing.) In the speed-density system, the 
injectors are uisually divided into groups, each group being pulsed simulta­
neously, For example, for a six-cylinder engine, two groups of three injectors may 
be used. Injection for each group is timed to occur while the inlet valves are 
closed or just starting to open, as shown in Fig. 7-14. The other group of injec­
tors inject one crank revolution later. Sequential injection timing, where the 
phasing of each injection pulse relative to its intake valve lift profile is the same, 
is another option. Engine performance and emissions do change as the timing of 
the start of inje:ction relative to inlet valve opening is varied. Injection with valve 
lift at its maxim.um, or decreasing, is least desirable. 10 

7.3.2 Single-Point Throttle-Body Injection 

Single-point fuel-injection systems, where one or two electronically controlled 
injectors meter the fuel into the air flow directly above the throttle body, are also 
used. They provide straightforward electronic control of fuel metering at lower 
cost than multipoint port injection systems. However, as with carburetor systems, 
the problems associated with slower transport of fuel than the air from upstream 
of the throttle plate to the cylinder must now be overcome (see Sec. 7.6). Figure 
7-15 shows a c:utaway of one such system.13 Two injectors, each in a separate 
air-flow passage with its own throttle plate, meter the fuel in response to cali­
brations of air flow based on intake manifold pressure, air temperature, and 
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FIGURE 7-15 
Cutaway drawing of a two­
injector throttle-body electronic 
fuel-injection system.13 

engine speed using the speed-denS,ity EFI logic described in the previous section. 
Injectors are fired alternatively or simultaneously, depending on load and speed 
and control logic used. Under altE~rnative firing, each injection pulse corresponds 
to one cylinder filling. Smoothing of the fuel-injection pulses over time is 
achieved by proper placement of the fuel injector assembly above the throttle 
bore and plate. The walls and plate accumulate liquid fuel which flows in a sheet 
toward the annular throttle opening (see Sec. 7.6.3). The high air velocity created 
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FIGURE 7-16 
Injector fuel delivery schedule for two­
injector throttle-body injection system 
for eight-cylinder engine with dual plane 
intake manifold. Bach injection nozile 
feeds one plane of the manifold and its 
four cylinders, L4 
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by the pressure drop across the throttle shears and atomizes the liquid sheet. 
Vigorous mixing of fuel and air then occurs, especially at part throttle, and pro­
vides good mixture uniformity and distribution between cylinders. Injector fuel 
delivery scheduling is illustrated in Fig. 7-16 for an eight-cylinder engine for a 
throttle-body fuel-injection system.14 

7,4 FEEDBACK SYSTEMS 

It is possible to reduce engine emissions of the three pollutants-unburned 
hydrocarbons. carbon monoxide, and oxides of nitrogen- with a single catalyst 
in the exhaust system if the engine is operated very close to the stoichiometric 
air/fuel ratio. Such systems (called three-way catalyst systems) are described in 
more detail in Sec. 11.6.2. The engine operating air/ fuel ratio is maintained close 
to stoichiometric through the use of a sensor in the exhaust system, which pro­
vides a voltage signal dependent on the oxygen concentration in the exhaust gas 
stream. This signal is the input to a feedback system which controls the fuel feed 
to the intake. 

The sensor [called an oxygen sensor or lambda sensor- }. being the symbol 
used for the relative air/fuel ratio, Eq. (3.9)] is an oxygen concentration cell with 
a so1id electrolyte through which the current is carried by oxygen ions. The elec­
trolyte is yttria (Y 2O3)-stabilized zirconia (ZrO2) ceramic which separates two 
gas chambers (the exhaust manifold and the atmosphere) which have different 
oxygen partial pressures. The cell can be represented as a series of interfaces as 
follows : 

Exhaust Metal Ceramic Metal Air 

P
l/ 

02 

p01 is the oxygen partial pressure of the air ( ~ 20 kN/m 2) and p~
2 

is the equi­
librium oxygen partial pressure in the exhaust gases. An electrochemical Teaction 
takes place at the metal electrodes: 

0 2 + 4Me ~ 2O2
-

and the oxygen ions transport the current across the cell. The open-circuit output 
voltage of the cell Yc, can be related to the oxygen partial pressures p~

2 
and p02 

through the Nernst equation: 

(7.15) 

where F is the Faraday constant. Equilibrium is established in the exhaust gases 
by the catalytic activity of the platinum metal electrodes. The oxygen partial 
pressure in equilibrated exhaust gases decreases by many orders of magnitude as 
the equivalence ratio changes from 0.99 to 1.01, as shown in Fig. 7-17a. Thus the 
sensor output voltage increases rapidly in this transition from a lean to a rich 
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mixture at the stoichiometric poiint, as shown in Fig. 7-1 ?b. Since this transition 
is not temperature dependent, it is well suited as a sensor signal for a feedback 
system. 15 

Figure 7-18 shows a cross-s.ection drawing of a lambda sensor, screwed into 
the wall of the exhaust manifold. This location provides rapid warm-up of the 
sensor following engine start-up. It also gives the shortest flow time from the fuel 
injector or carburetor location to the sensor- a delay time which is important in 
the operation of the feedback system. The sensor body is made of ZrO2 ceramic 
stabilized with Y 2 0 3 to give adlequate low-temperature electrical conductivity. 
The inner and outer electrodes are 10-µm thick porous platinum layers to 
provide the required catalytic equilibration. The outer electrode which is exposed 
to the exhaust gases is protecte::d against corrosion and erosion by a 100-µm 
spinal coat and a slotted shield. Air passes to the inner electrode through holes in 
the protective sleeve. The shield, protective sleeve, and housing are made from 
heat- and corrosion-resistant ste:el alloys. Such sensors were first developed for 
air/fuel ratio control at close to the stoichiometric value. Use of a similar sensor 
to control air/fuel ratios at lean-of-stoichiometric values during part-throttle 
engine operation is also feasible. 

For dosed-loop feedback c:ontrol at close-to-stoichiometric, use is made of 
the sensor's low-voltage output for lean mixtures and a high-voltage output for 
rich mixtures. A control voltage reference level is chosen at about the mid-point 
of the steep transition in Fig. 7-1 ?b. In the electronic control unit the sensor 
signal is compared to the refere111ce voltage in the comparator as shown in Fig, 
7-19a. The comparator output is then integrated in the integral controller whose 
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FIGURE 7-18 
Cross-section drawing of exhaust 
oxygen sensor. 16 

output varies the fuel quantity linearly in the opposite direction to the sign of the 
comparator signal. There is a time lag -rL in the loop composed of the transport 
time of fuel-air mixture from the point of fuel admission in the intake system to 
the sensor location in the exhaust, and the sensor and control system time delay. 
Because of this time lag, the controller continues to influence the fuel flow rate in 
the same direction, although the reference point ¢ = 1.0 has been passed, as 
shown in Fig. 7-19b. Thus, oscillations in the equivalence ratio delivered to the 
engine exist even under steady-state conditions of closed-loop control. This 
behavior of the control system is called the limit cycle. The frequency f of this 
limit cycle is given by 

(a) -

Rich 

- - Reference level 

Lean 

Rich 

-Stoichiometric 

Lean 

Time-

(7.16) 

FIGURE 7-19 
Operation of electronic control unit for 
closed-loop feedback: (a) sensor signal com­
pared with reference level; (b) controller 
output voltage-the integrated comparator 
output. 12 
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and the change in equivalence ratio peak-to-peak is 

fl.¢ = 2K-r:r. 

where K is the integrator gain (in equivalence ratio units per unit time). 

(7.17) 

Depending on the details of the three-way catalyst used for cleanup of all 
three pollutants (CO, HC, and NOx) in the exhaust, the optimum average equiva­
lence ratio may not be precisely the stoichiometric value. Furthermore, the refer­
ence voltage for maximum sensor durability may not correspond exactly to the 
stoichiometric point or the desired catalyst mean operating point. While a small 
shift ( ~ + 1 percent) in operating point from the stoichiometric can be obtained 
by varying the reference voltage level, larger shifts are obtained by modifying the 
control loop to provide a steady-state bias. One method of providing a bias­
asymmetrical gain rate biasing17-uses two separate integrator circuits with dif­
ferent gain rates K+ and K- to integrate the comparator output, depending on 
whether the comparator output is positive (rich) or negative (lean). An alternative 
biasing technique incorporates an additional delay time TO so that the controller 
output continues ·decreasing (or increasing) even though the sensor signal has 
switched from the high to the low level (or vice versa). By introducing this addi­
tional delay only on the negative slope of the sensor signal, a net lean bias is 
produced. Introducing the additional delay on the positive slope of the sensor 
signal produces a net rich bias.12 

Note that the sensor only operates at elevated temperatures. During engine 
start-up and warm-up, the feedback system does not operate and conventional 
controls are required to obtain the appropriate fuel-air mixture for satisfactory 
engine operation. 

7.5 FLOW PAST THROTTLE PLATE 

Except at or close to wide-open throttle, the thrott1e provides the minimum flow 
area in the entire intake system. Under typical road-load conditions, more than 
90 percent of the total pressure loss occurs across the throttle plate. The 
minimum-to-maximum flow area ratio is large-typically of order 100. Throttle 

FIGURE 7-20 
Throttle plate geometry.2 
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(a) 20° throttle plate angle (b) 30° throt1le pla1e angle 

(c) 45° throttle plate angle (d) 60° throttle plate angle 

FIGURE 7-21 
Photographs of flow in two-dimensional hydraulic analog of carburetor venturi, throttle plate, and 
manifold plenum fl1oor at different throttle plate angles. ts 

plate geometry and parameters are illustrated in Fig. 7-20. A throttle plate of 
conventional dlesign such as Fig. 7-20 creates a three-dimensional flow field. At 
part-throttle operating conditions the throttle plate angle is in the 20 to 45° range 
and jets issue from the "crescent moon "-shaped open areas on either side of the 
throttle plate. The jets are primarily two dimensional. Figure 7-21 shows pho­
tographs taken of a two-dimensional hydraulic analog of a typical carburetor 
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venturi and throttle plate in steady flow at different throttle angles. The path 
lines traced by the particles in the fl.ow indicate the relative magnitude of the flow 
velocity. 18 The flow accelerates through the carburetor venturi (separation occurs 
at the corners of the entrance section); it then divides on either side of the throttle 
plate. There is a stagnation point on the upstream side of the throttle plate. The 
wake of the throttle plate contains two vortices which rotate in opposite direc­
tions. The jets on either side of the wake (at part throttle) are at or near sonic 
velocity. There is little or no mixing between the two jets. Thus, if maldistribution 
of the fuel-air mixture occurs above the throttle plate, it is not corrected imme~ 
diately below the throttle plate. 

In analyzing the fl.ow through the throttle plate, the following factors 
should be considered:2 • 19• 20 

1. The throttle plate shaft is usually of sufficient size to affect the throttle open 
area. 

2. To prevent binding in the throttle bore, the throttle plate is usually completely 
closed at some nonzero angle (5, 10, or lY'). 

3. The discharge coefficient of the throttle plate is less than that of a smooth 
converging-diverging nozzle, and varies with throttle angle, pressure ratio, and 
throttle plate Reynolds number. 

4. Due to the manufacturing tolerances involved, there is usually some minimum 
leakage area even when the throttle plate is closed against the throttle bore. 
This leakage area can be significant at small throttle openings. 

S. The measured pressure drop across the throttle depends ( + 10 percent) on the 
circumferential location of the downstream pressure tap. 

6. The pressure loss across the throttle plate under the actual flow conditions 
(which are unsteady even when the engine speed and load are constant, see 
Fig. 7-8) may be less than under steady flow conditions. 

The throttle plate open area A1h as a function of angle t/1 for the geometry 
in Fig. 7-20, is given by2 

4Atb = (i _ cos t/1) + 3, [-a- (cos2 1/1 _ a2 cos2 l/lo)112 
nD2 cos t/10 1t cos t/! 

- cos i/1 sin - 1 (a cos t/!o) _ a(l - a2)1 /2 + sin - 1 a] (7.18) 
cos VI o cos t/; 

where a= d/D, d is the throttle shaft diameter, D is the throttle bore diameter, 
and t/;0 is the throttle plate angle when tightly closed against the throttle bore. 
When t/t = cos- 1 (a cos t/J 0), the throttle open area reaches its maximum value 
( ~ nD2 /4 - dD). The throttle plate discharge coefficient (which varies with A1h), 
and minimum leakage area, must be determined experimentally. 

The mass flow rate through the throttle valve can be calculated from stan­
dard orifice equations for compressible fluid flow [see App. C, Eqs. (C-8) and 
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(6 9)]. For pressure ratios across the throttle less than the critical value (pTf Po = 
o.528), the mass flow rate is given by 

thth = CoA1hPo (Pr)l/y{~ [l - (Pr)(y-l)/y]}
112 

Jiffo Po Y - 1 Po (7.l 9) 

wbere A,1i is the throttle plate open area [Eq. (7.18)], Po and T0 are the upstream 
pressure and temperature, Pr is the pressure downstream of the throttle plate 
(assumed equal to the pressure at the minimum area: i.e., no pressure recovery 
occurs), and C0 is the discharge coefficient (determined experimentally). For pres­
sure ratios greater than the critical ratio, when the flow at the throttle plate is 
choked, 

,n _ D th O 1 /2 __ C A p ( 2 ) Cy+ 1)12cr 1> 

th - Jiffo 'Y y + l 
(7.20) 

The relation between air flow rate, throttle angle, intake manifold pressure, 
and engine speed for a two-barrel carburetor and a 4.7-dm3 (288-in3

) displace­
ment eight-cylinder production engine is shown in Fig. 7-22. While the lines are 
predictions from a quasi-steady computer simulation, the agreement with data is 
excellent. The figure shows that for an intake manifold pressure below the critical 
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FIGURE 7 .. 22 
Variation in air flow rate past a 
throttle, with inlet manifold pres­
sure, throttle angle, and engine 
speed. 4.7,-<lm3 displa~ment 
eight•cylindc:r engine. 2 
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value (0.528 x Patm = 53.5 kN/m2 = 40.1 cmHg) the air flow rate at a given 
throttle position is independent of manifold pressure and engine speed because 
the flow at the throttle plate is choked.2 

7.6 FLOW IN INTAKE MANIFOLDS 
7.6.l Design Requirements 

The details of the air and fuel flow in intake manifolds are extremely complex:. 
The combination of pulsating flow into each cylinder, different geometry flow 
paths from the plenum beneath the throttle through each runner and branch of 
the manifold to each inlet port, liquid fuel atomization, vaporization and trans­
port phenomena, and the mixing of EGR with the fresh mixture under steady­
state engine operating conditions are difficult enough areas to untangle. During 
engine transients, when the throttle position is changed, the fact that the pro­
cesses which govern the air and the fuel flow to the cylinder are substantially 
differeni introduces additional problems. This section reviews our current under­
standing of these phenomena. 

Intake manifolds consist typically of a plenum1 to the inlet of which bolts 
the throttle body, with individual runners feeding branches which lead to each 
cylinder (or the plenum can feed the branches directly). Important design criteria 
are: low air flow resistance; good distribution of air and fuel between cylinders; 
runner and branch lengths that take advantage of ram and tuning effects; suffi­
cient (but not excessive) heating to ensure adequate fuel vaporization with carbu­
reted or throttle-body injected engines. Some compromises are necessary; e.g., 
runner and branch sizes must be large enough to permit adequate flow without 
allowing the air velocity to become too low to transport the fuel droplets. Some 
of these design choices are illustrated in Fig. 7-23 which shows an inlet manifold 
and carburetor arrangement for a modern four-cylinder 1.8-dm3 engine. In this 
design the four branches that link the plenum beneath the carburetor and throt­
tle with the inlet ports are similar in length and geometry, to provide closely 
comparable flow paths. This manifold is heated by engine coolant as shown and 
uses an electrically heated grid beneath the carburetor to promote rapid fuel 
evaporation. 21 Exhaust gas heated stoves at the floor of the plenum are also used 
in some intake manifolds to achieve adequate fuel vaporization and distribution. 
Note that with EGR, the intake manifold may contain passages to bring the 
exhaust gas to the plenum or throttle body. 

With port fuel-injection systems, the task of the inlet manifold is to control 
the air (and EGR) flow. Fuel does not have to be transported from the throttle 
body through the entire manifold. Larger and longer runners and branches, with 
larger angle bends, can be used to provide equal runner lengths and take greater 
advantage of ram and tuning effects. With port fuel injection it is not normally 
necessary to beat the manifold. 

A large number of different manifold arrangements are used in practice. 
Different cylinder arrangements (e.g., four, V-six, in-line-si~ etc.) provide quite 
different air and fuel distribution problems. Air-flow phenomena in manifolds can 
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FIGURE 7-23 
Inlet manifold for four-cylinder l.8-dm3 displace­
ment spark-ignition engine.2 1 

be considered as unaffected by the fuel flow. The reverse is definitely not the case: 
the fuel fiow- 1:iquid and vapor-depends strongly on the air flow. These two 
topics will therefore be reviewed in sequence. 

7.6.2 Air-Flo1w Phenomena 

The air flow out of the manifold occurs in a series of pulses, one going to each 
cylinder. Each pulse is approximately sinusoidal in shape. For four- and eight­
cylinder engines1, these flow pulses sequence such that the outflow is essentially 
zero between pUtlses. For six-cylinder arrangements the pulses will overlap. When 
the engine is throttled, backflow from the cylinder into the intake manifold 
occurs during the early part of the intake process until the cylinder pressure falls 
below the manifold pressure. Backflow can also occur early in the compression 
stroke before the inlet valve closes, due to rising cylinder pressure. The flow at 
the throttle will fluctuate as a consequence of the pulsed flow out of the manifold 
into the cylinders. At high intake vacuum, the flow will be continuously inward at 
the throttle and flow pulsations will be small. When the outflow to the cylinder 
which is undergoing its intake stroke is greater than the flow through the throt­
tle, the cylinder will draw mixture from the rest of the intake manifold. During 
the portion of the intake stroke when the flow into the cylinder is lower than the 
flow through the throttle, mixture will flow back into the rest of the manifold At 
wide-open throttle when the flow restriction at the throttle is a minimum, flow 
pulsations at lhc~ throttle location will be much more pronounced, 1 9 

The air flows to each cylinder of a multicylinder engine, even under steady 
operating conditions, are not identical. This is due to differences in runner and 
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branch length and other geometric details of the flow path to each cylinder. Also 
as each cylinder's intake fl.ow commences, air is drawn from the branch and 
runner leading to the cylinder, the plenum, and the other runners and branches 
feeding the plenum, as well as past the throttle. This "drawing down" of other 
parts of the intake manifold depends on the arrangement of the plenum, runners , 
and branches, and the firing order of the cylinders. Thus the air flow to each 
individual cylinder is affected by the details of its own branch, how that branch 
connects to the rest of the intake manifold, and the cylinder firing order. 22 The 
differences between the air flows to individual cylinders have been measured. 
Variations in the average air mass flow rate to each individual cylinder of up to 
about 5 percent above and below the average are quite common. Larger peak•to. 
peak variations ( + 15 percent) have been measured. The extent of each cylinder's 
difference from the average flow varied significantly as engine speed and load 
were varied. 23 • 24 

Typical quantities that characterize manifold air flow are given in Table 7.1 
for a four- and an eight-cylinder spark-ignition engine. The volume of mixture 
pulled into each cylinder per cycle is about the same as the volume of one direct 
flow path between the throttle plate and inlet valve. Thus, one stroke loads the 
manifold, the next one pulls the charge into the cylinder. 

An additional phenomenon becomes important when engine load is 
changed by opening or closing the throttle: the mass of air in the induction 
system volume takes a finite time to adjust to the new engine operating condi­
tions. For example, as the throttle is opened the air flow into the manifold 
increases as the throttle open area increases. However, due to the finite volume of 

TABLE 7.1 

Parameters that characterize manifold air flow 

Engine geometry I-4t V-8t 

Typical flow-path distance between 
throttle bore and intake vaJve, cm 33 30 

Average intake-passage flow area, cm 2 9.4 16 
Volume of one direct flow path from 

throttle bore to intake valve, cm 3 300 500 

Range of speeds, etc. Maximum Minimum 

Crankshaft, rev/min 5000 650 
Peak air velocity in 

manifold branch, m/s 130f, lOOt 15 
Peak Reynolds number 

in manifold branch 4 X 105 5 X 104 

Duration of individual 
cylinder intake process, ms 6 46 

t 1.8-dm3 four--0ylinder in-line SI engine.2 1 

l 5.6-dm3 V eight-cylinder St engine.u 

Page 342 of 966



SI cNGlNE FUEL METERING AND MANIFOLD PHENOMENA 311 

m'/s cmHg deg 
o.04 

60 

""'-Mnnifold pressure 
25 

40 
20 

0.02 

""'Throttle angle 15 

20 JO 

0 
5 

0 
0 0.05 0.1 0. 15 0.2 

Time, s 

FIGURE 7-24 
Throttle ang]e, intake manifold pressure, and air flow rate past the throttle vers1us time for 10° part­
load throttle opening. 5-dm3 V-8 engine.25 

the manifold, the pressure level in the manifold increases more sl1owly than would 
be the case if steady-state conditions prevailed at each throttle position. Thus, the 
pressure difference across the throttle is larger than it would be under steady flow 
condjtions and the throttle air flow overshoots its steady-state value. The air flow 
into each cylinder depends on the pressure in the manifold, so this lags the throt­
tle air flow. This transient air-flow phenomenon affects fuel metering. For 
throttle-body injection or a carburetor, fuel flow should be relat1;,:d to throttle air 
flow. For port fuel injection, fuel flow should be related to cylinder air flow. 
Actual results for the air flow rate and manifold pressure in response to an 
opening of the throttle (increase in throttle angle) are shown i1n Fig. 7-24. The 
overshoot in throttle air flow and lag in manifold pressure as the, throttle angle is 
increased are evident. Opposite effects will occur for a decrease in1 throttle angle. 

AIR-FLOW MODELS. Several models of the flow in an intake ma.nifold have been 
proposed. 26

• 
2 7 One simple manifold model that describes many of the above 

phenomena is the plenum or filling and emptying model. It iis based on the 
assumption that at any given time the manifold pressure is uniform. The contin­
uity equation for air flow into and out of the intake manifold is 

dma,m • L . -- - m - m dt - 11, lb 11, cyl (7.21) 

where m0 , m is the mass of air in the manifold, and m0 , lh and tlf10 • cyt are the air, 
mass flow rates past the throttle and into each cylinder) respe<;tively. The flow 
rate past the throttle is given by Eq. (7.19) or (7.20). For manifold pressures 
sufficiently low to choke the flow past the throttle plate, the flow rate is indepen• 
dent of manifold pressure. The mass flow rate to the engine •cylinders can be 
modeled at several levels of accuracy. The air flow through the valve to each 
cylinder can be computed from the valve area, discharge coefficient, and pressure 
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difference across the valve; or a sine wave function can be assumed. In the 
general case, Eq. (7.21) must be combined with the first law for an open system 
(see Sec. 14.2.2). For calculating the manifold response to a change in load or 
throttle setting, simplifying assumptions can be made. A quasi-steady approx­
imation for the cylinder air flow: 

~- _1'/vPa,m~N 
L, ma, cyl - 2 

is usually adequate, and the air temperature can be assumed constant. 25 Then, 
using the ideal gas law for the manifold, Pm Vm = ma, m R '.a Tm , Eq. (7.21) can be 
written as 

dpm 1'/v VdN . RTm 
dt + 2V. Pm= ma,tb V. (7.22) 

m '" 

Both 1'/v and ma, th have some dependence on Pm [e.g., see Eq. (6.2)]. In the absence 
of this weak dependence, Eq. (7.22) would be a first-order equation for Pm with a 
time constant -c = 2VJ(t1~ V.,N) ~ VJVcyi, which is 2 to 4 times the intake stroke 
duration. The smooth curves in Fig. 7-24 are predictions made with Eq. (7.22) 
and show good agreement with the data. The plenum model is useful for investi­
gating manifold pressure variations that result from load changes. It provides no 
information concerning pressure variations associated with momentum effects. 

Helmholtz resonator models for the intake system have been proposed. This 
type of model can predict the resonant frequencies of the combined intake and 
engine cylinder system, and hence the engine speeds at which increases in air flow 
due to intake tuning occur. It does not predict the magnitude of the increase in 
volumetric efficiency. The Helmholtz resonator theory analyzes what happens 
during one inlet stroke, as the air in the manifold pipe is acted on by a forcing 
function produced by the piston motion. As the piston moves downward during 
the intake stroke, a reduced pressure occurs at the inkt valve relative to the 
pressure at the open end of the inlet pipe. A rarefraction wave travels down the 
intake pjpe to the open end and is reflected as a compmssion wave. A positive 
tuning effect occurs when the compression wave arrives at the inlet valve as the 
valve is closing. 2 7 A single-cylinder engine modeled as a Helmholtz resonator is 
shown in Fig. 7-25a. The effective resonator volume Vcrr is chosen to be one-half 
of the displaced volume plus the clearance volume; the piston velocity is then 
close to its maximum and the pressure in the inlet system close to its minimum. 
The tuning peak occurs when the natural frequency of the cylinder volume 
coupled to the pipe is about twice the piston frequency. For a single-cylinder, fed 
by a single pipe open to the atmosphere, the resonant tuni:ng speed N, is given by 

955 ( A )
112 

Ni(rev/min) = K a lV.,rc (7.23) 

where a is the sound speed (m/s), A the effective cross-se◄;;tional area of the inlet 
system (cm2), l the effective length of the inlet system (cm)I, Ka constant equal to 
about 2 for most engines, and ~rr = VJr, + 1)/[2(r, - 1)] 1(cm3

).
28 
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(a) (b) 

FIGURE 7-25 
J-[elrnholtz resonator models for (a) single-cylinder engine and (b) multicylinder engine. 27 

The Helmholtz theory for mu]ticylinder engines treats the pipes of cylinders 
not undergoing induction as an additional volume. The two pipes, (l 1, A 1) and 
(l2 , A2), and two volumes, V 1 and Vi, in Fig. 7-25b form a vibrating system with 
two degrees of freedom and two resonant frequencies. The following equation, 
based on an electrical analog (in which capacitors represent volumes and induc­
tors pipes), gives the two frequencies at which the manifoJd shown in Fig. 7-25b 
would be tuned :28 

(7.24) 

where ex= L2/Li, /3 = C2/Ci, C1 = V1, C2 = V2 , L1 = (l/Ah, L2 = (l/A) 2 , and 
Verr = Vi, The Helmholtz theory predicts the engine speeds at which positive 
tuning resonances occur with reasonable accuracy. 27 

The dynamics of the flow in multicylinder intake (and exhaust) systems can 
be modeled most completely using one-dimensional unsteady compressible flow 
equations. The standard method of solution of the governing equations has been 
the method of characteristics (see Benson29). Recently, finite difference techniques 
which are more efficient have been used. 30 The assumptions usually made in this 
type of analysis are: 

lJ The intake (or exhaust) system can be modeled as a combination of pipes, 
junctions, and plenums. 

2. Flow in the pipes is one dimensional and no axial heat conduction occurs. 

3. States in the engine cylinders and plenums are uniform in space. 
4. Boundary conditions are considered quasi steady. 
5. Coefficients of discharge, heat transfer, pipe friction and bend losses for steady 

flow are valid for unsteady flow. 
6. The gases can be modeled as ideal gases. 

This approach to intake and exhaust flow analysis is discussed more fully in 
Sec. 14.3.4. 
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7.6.3 Fuel-Flow Phenomena 

TRANSPORT PROCESSES. With conventional spark-ignition engine liquid-fuel 
metering systems, the fuel enters the a.tr stream as a liquid jet The liquid jet 
atomizes into droplets . These mix with the air and also deposit on the walls of 
the intake system components. The droplets vaporize; vaporization of the liquid 
fuel on the walls occurs. The flow of liquid fuel along the walls can be significant. 
The transport of fuel as vapor, droplets, and liquid streams or films ca11 all be 
important. The fuel transport processes in the intake system are obviously 
extremely complex. 

The details of the fuel transport process are different for multipoint fuel­
injection systems than for carburetor and throttle-body injection systems. For the 
latter systems, fuel must be transported past the throttle plate and through the 
complete intake manifold. For the former systems, the liquid fuel is injected in the 
inlet port, toward the back of the intake valve. For all these practical fuel meter­
ing systems, the quality of the mixture entering the engine is imperfect. The fuel, 
air, recycled exhaust, mixture is not homogeneous; the fuel may not be fully 
vaporized as it enters the engine. The charge going to each cylinder is not usually 
uniform in fuel/air ratio throughout its volume, and the distribution of fuel 
between the different engine cylinders is not exactly equal. During engine tran­
sients when engine fuel and air requirements and manifold conditions change, it 
is obvious that the above fuel transport processes will not all vary with time in 
the same way. Thus, in addition to the transient non•quasi-steady air-flow phe­
nomena described above, there are transient fuel-flow phenomena. These have to 
be compensated for in the fuel metering strategy. 

Since gasoline, the standard spark-ignition engine fuel, is a mixture of a 
large number of individual hydrocarbons it has a boiling temperature range 
rather than a single boiling point. Typically, this range is 30 to 200°C. Individual 
hydrocarbons have the saturation pressure-temperature relationships of a pure 
substance. The lower the molecular weight, the higher will be the saturated vapor 
pressure at a given temperature. The boiling point of hydrocarbons depends pri­
marily on their molecular weight: the vapor pressure also depends on molecular 
structure. The equilibrium state of a hydrocarbon-air mixture depends therefore 
on the vapor pressure of the hydrocarbon at the given temperature, the relative 
amounts of the hydrocarbon and air, and the total pressure of the mixture. The 
equilibrium fraction of fuel evaporated at a given temperature and pressure can 
be calculated from Bridgeman charts31 and the distillation characteristics of the 
fuel (defined by the ASTM distillation curve32). Figure 7-26a shows the effect of 
mixture temperature on percent of indolene fuel (a specific gasoline) evaporated 
at equilibrium at atmospheric pressure. Figure 7-26b shows the effect of reduced 
manifold pressure on the amount evaporated. 18 While insufficient time is usually 
available in the manifold to establish equilibrium, the trends shown are indicative 
of what happens in practice: lower pressures increase the relative amount of fuel 
vaporized and charge heating is usually required to vaporize a substantial frac~ 
tion of the fuel. 
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For carbu1reted and throttle-body injection systems, the fuel path is the fol­
lowing. Until the throttle plate is close to fully opened, most of the fuel metered 
into the air stream impacts on the throttle plate and throttle-body walls. Only a 
modest fraction of the fuel vaporizes upstream of the throttle. The liquid is re­
entrained as the air flows at high velocity past the throttle plate. The fuel does 
not usually divide equally on either side of the throttle plate axis. The air under­
goes a 90° bend in the plenum beneath the throttle; much of the fuel which has 
not evaporated is impacted on the manifold floor. Observations of fuel behavior 
in intake manifolds with viewing ports or transparent sections show that there is 
substantiaJ liquid fuel on the walls with carburetor fuel metering systems. Figure 
7-27 shows the engine conditions under which liquid fuel was observed on the 
floor of the mamifold plenum beneath the throttle plate and in the manifold 
runners, in a standard four-cylinder production engine.23 This manifold was 
heated by engine coolant at 90°C. The greatest amount of liquid was present at 
high engine loads and low speeds. Heating the manifold to a higher temperature 
with steam at 115°C resulted in a substantial reduction in the amount of liquid: 
there was no extensive puddling on the plenum floor, liquid films or rivulets were 
observed in a zone bounded by 120 mmHg vacuum and 2500 rev /min, and there 
were no films or rivulets in the manifold runner. Depending on engine operating 
conditions, lransport of fuel as a liquid film or rivulet in the manifold and vapor­
ization from these liquid fuel films and rivulets and subsequent transport as 
vapor may occur. 

Vaporized fuel and liquid droplets which remain suspended in the air 
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FIGURE 7-27 
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Regions of engine load and speed range where extensive pools or pudldles, liquid films, or rivulets 
were observed: (a) on manifold plenum floor and (b) in manifold runnier. Four-cylinder automobile 
engine. Manifold heated by coolant at 90°C.23 

stream will be transported with the air stream. However, droplet deposition on 
the marufold walls may occur due to gravitational settling and to inertial effects 
as the flow goes round bends in the manifold. 

The fuel transport processes for port fuel-injection systems are different and 
will depend significantly on the timing and duration of the injection pulse. Fuel is 
injected onto the back of the inlet valve (and surroundling port wall), usually 
while the valve is closed or only partly open. Vaporization of liquid fuel off the 
valve and walls occurs, enhanced by the backflow of hot residual gases from the 
cylinder (especially at part load). There is evidence that, even under fully warmed­
up engine conditions, some fuel is carried as liquid drops i1t1to the cylinder.33 

FUEL DROPLET BEHAVIOR. With carburetor and 1throttleftbody injection 
systems, the liquid fuel atomizes as it enters the air stn~am. In the carburetor 
venturi this occurs as the fuel-air emulsion from the fuel jet(s) enters the high­
velocity ( > 100 m/s) air stream. With an injector, the velocity of the liquid jet as it 
exits the nozzle is high enough to shatter the flowing liquid, and its interaction 
with the coaxial air flow further atomizes the fuel. Typical droplet-size distribu­
tions are not well defined; size would vary over the '.load and speed range. 
Droplet diameters in the 25 to l 00 µm range are usually alssumed to be represen­
tative: larger drops are also produced. The liquid fuel dirops are accelerated by 
the surrounding air stream and start to vaporize. Vaporiization rates have been 
calculated using established formulas for heat and mass transfer between a 
droplet and a surrounding flowing gas stream (see Ref. 34 for a review of methods 
of calculating droplet vaporization rates). Calculations of fuel vaporization in a 
carburetor venturi and upstream of the throttle plate show that the temperature 
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f the liquid fmel droplets decreases rapidly (by up to about 30°C35
) , and the 

~action of the fiuel vaporized is small (in the 2 to 15 percent range35
• 

36
) . 

Liquid fuel drops, due to their density being many times that of the air, will 
not exactly follow the air flow. Droplet impaction on the walls may occur as the 
flow changes direction, and the greater inertia of the droplets causes them to 
move across th,e streamlines to the outer wall. Deposition on the manifold floor 
due to gravity may also occur. The equation of motion for an individual droplet 
in a flowing gas stream is 

(
..1.. 3 ½ nD] 
6 nD d p 1 )a = md g - ( \' d - \' 9) I v d - v II I p 9 C n 4 (7.25) 

where D d is the droplet diameter, pr and p 9 are liquid and gas densities, v d and v 9 
are the droplet and gas velocities, a is the droplet acceleratio~ g acceleration due 
to gravity, and C0 is the drag coefficient. For 6 < Re < 500 the drag coefficient of 
an evaporating droplet is a strong function of the Reynolds number, Re: e.g., 

C0 = 27 Re-0 •84 (7.26} 

where Re= (p9 Dd I vd - v9 1/µ9). 

Studies of droplet impaction and evaporation using the above equations 
and typical manifold conditions and geometries indicate the following.26

• 
35

• 
37 

For 90° bends, drops of less than 10 µm diameter are essentially carried by the 
gas stream ( < 10 percent impaction); almost all droplets larger than 25 µm 
impact on the walls. Droplet sizes produced first in the carburetor venturi or fuel 
injector spray and then by secondary atomization as liquid fuel is entrained from 
the throttle plate and throttle-body walls depend on the local gas velocity: higher 
local relative v1~locities between the gas and liquid produce smaller drop sizes. 
Approximate es:timates which combine the two phenomena outlined above show 
that at low en~:ine air flow rates, almost all of the fuel will impact first on the 
throttle plate and then on the manifold floor as the flow turns 90° into the mani­
fold runners. A1t high air flows, because the drops are smaller, a substantial frac­
tion of the drops may stay entrained in the air flow. Secondary atomization at 
the throttle at part-load operating conditions is important to the fuel transport 
process: the very high air velocities at the edge of the throttle plate produce 
droplets of orde:r or less than 10 µm diameter. However, coalescence and deposi­
tion on the walls and subsequent reentrainment probably increase the mean 
droplet size. In the manifold, gravitational settling of large (> 100 µm) droplets 
would occur at low air flow rates,38 but these drops are also likely to impact the 
walls due to their inertia as the flow is turned. 

Estimates of droplet evaporation rates in the manifold indicate the follow­
ing. With a representative residence time in the manifold of about one crank 
revolution (10 ms at 6000 rev/min, 100 ms at 600 rev/min), only drops of size less 
than about 10 µm will evaporate at the maximum speed; 100 µm droplets will 
not vaporize fullly at any speed. Most of these large droplets impact on the walls, 
anyway. Drops small enough to be carried by the air stream are likely to vapor­
ize in the manifold.2 6 
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FUEL-FILM BEHAVIOR. The fuel which impacts on the wall will also vaporize 
and, depending on where in the manifold deposition occurs and the local mani­
fold geometry, may be transported along the manifold as a liquid film or rivulet. 
If the vaporization rate off the wall is sufficiently high, then a liquid film will not 
build up. Any liquid film or pool on the manifold floor or walls is important 
because it introduces additional fuel transport processes-deposition, liquid 
transport, and evaporation-which together have a much longer time constant 
than the air transport process. Thus changes in the air and the fuel flow into each 
engine cylinder, during a change in engine load, will not occur in phase with each 
other unless compensation is made for the slower fuel transport. 

Several models of the behavior of liquid-fuel wall-films have been devel­
oped. One approach analyzes a liquid puddle on the floor of the manifold 
plenum. 38 Metered fuel enters the puddle; fuel leaves primarily through vapor­
ization. The equation for rate of change of mass of fuel in the puddle is 

(7.27) 

where m1. P is the mass of fuel in the puddle, m1 , m is the metered fuel flow rate, 
and xis the fraction of the metered flow that enters the puddle. It is assumed that 
the reentrainment/evaporation rate is proportional to the mass of fuel in the 
puddle divided by the characteristic time i- of the reentrainment/evaporation 
process. The puddle behavior predicted by this model in response to a step 
increase in engine load is shown in Fig. 7-28a. Because only part (1 - x) of the 
fuel flows directly with the air, as the throttle is opened rapidly a lean air/fuel 
ratio excursion is predicted. Figure 7-28b shows that this behavior (without any 
metering compensation) is observed in practice. Estimates of the volume of fuel in 
the puddle (for a 5-liter V-8 engine) are of order 1000 mm3 , and increase with 

,------- "'J. m + 6 mf. m 

Metered fuel flow 

. ~ 'TX(inf. m + 6 "'J. m) 

~ I Filmmass 
I 

Leaner f\..... I Equivalence ratio 

~ 7'--~o 
Richer l......!...+J 

FIGURE 7-28 

Time ­

(a) 

14.5 

14. 0 .____. _ ___.._ _ ___._ _ _.___....____. 
- 2 0 2 4 6 8 10 

Time, s 

(b) 

(a) Predicted behavior of the fuel film for an uncompensated step change in engine operating condi­
tions. (b) Observed variation in air/fuel ratio for uncompensated throttle opening at 1600 rev/min 
which increased manifold pressure from 48 to 61 cmHg,38 

Page 350 of 966



SI ENGINE FUEL METERING AND MANlFOLD PHENOMENA 319 

Manifold 

d + ,,) F_(d + v) F (d + v) 
0.,. F(d) A / -
A \,. /F(v) A 

___.. -::~ -·-·-~ ···-:.;;· ,. ,:-o;--==m~--- -~ ____. 
F(/) / F (f) 

Liquid film 

FIGURE 7-29 
Schematic of fuel flow paths in the manifold when 
liquid film flows along the manifold runner floor. 
A Air 
F Fuel 
f Liquid fuel film 
d Liquid fuel droplets 
v Fuel vapor 

increasing load and speed. The time constant is of order 2 seconds for a fully 
wanned-up engine; it varies with engine operating conditions and is especially 
sensitive to intake manifold temperature. Such models have been used primarily 
to develop fuel metering strategies which compensate for the fuel 1transport lag. 38 

An alternative model, for liquid film flow in the manifold runner and 
branch, has been developed.37 Fuel is deposited on the manifold walls and forms 
a film which flows toward the cylinder due to the shear force at the gas/ liquid 
interface as shown in Fig. 7-29. Vaporization from the film :also occurs. An 
analysis of the dynamics of the fuel film leads to expressions for 1steady-state film 
velocity and thickness. As air and metered fuel flows change due to a throttle 
position change, the characteristic time for reestablishing steady state is l/(2u 1 ), 

where l is the manifold length and u1 the average film velocity. This characteristic 
response time is of order 1 second for typical manifold conditions, in approx­
imate agreement with values obtained from transient engine experiments. 

A more extensive analysis of both fuel droplet and film evaporation in a 
complete carburetor, throttle, manifold system,35 with a multicomponent model 
for gasoline based on its distillation curve, indicates the following phenomena are 
important. Secondary atomjzation of the liquid fueJ at the thrnttle, which pro­
duces the smallest droplet sizes when the throttle open angle is small, signifi­
cantly increases the fraction of fuel evaporation in the manifold. Increasing inlet 
air temperature increases the fraction of fuel vaporized; this effect is larger at 
lower loads since secondary atomization under these conditions increases the 
liquid fuel surface area significantly. Heating the wall, which heats the liquid film 
on the wall directly, provides a greater increase in fraction evaporated than does 
equivalent heating of the air flow upstream of the carburetor. Due to the multi­
component nature of the fuel, the residual liquid fuel cornpositiom changes signifi­
cantly as fuel is transported from the carburetor to the manifold exit. Of the full 
boiling range liquid composition at entry, all the light ends, most of the mid­
range components, but only a modest amount of the high boili111g point fraction 
have evaporated at the manjfold exit. The predicted fuel fraction evaporated 
ranged from 40 to 60 percent for the conditions examined. One set of measure­
ments of the fraction of fuel vaporized in the manifold of a warmed-up four­
cylinder engine showed that 70 to 80 percent of the fuel had vaporized, 
confirming that under these operating conditions "most" but not necessarily 
"all" the fuel enters the cylinder in vapor form. 39 

The engine operating range where fuel puddling, fuel films, and rivulets are 
observed (see Fig. 7-27) can now be explained. At light load, secondary atom-
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ization at the throttle and the lower manifold pressure would reduce the amount 
of liquid fuel impinging on the manifold plenum floor. Also, typical manifold 
heating at light load substantially exceeds the heat required to vaporize the fuel 
completely,40 and manifold floor temperatures are of order 15°C higher than at 
full load. All the above is consistent with less liquid on the floor and none in the 
runners at light load, compared to what occurs at full load. At high speed, drop 
sizes produced in the carburetor are much smaller, so impingement on the walls 
is much reduced. 

The fuel flow to each cylinder per cyc1e is not exactly the same. There is a 
geometric variation where fuel is not divided equally among individual cylinders. 
There is also a time variation under steady•slate engine conditions where the 
air/fuel ratio in a given cylinder varies cycle-by-cycle.41 Data on time-averaged 
air/fuel ratios in each cylinder of multicylinder engines show that the extent of 
the maldistribution varies from engine to engine, and for a particular engine 
varies over the load and speed range. Spreads in the equivalence ratio (maximum 
to minimum) of about 5 percent of the mean value are typical at light load for 
carbureted engines. Largest variations between cylinders usually occur at wide­
open throttle. WOT spreads in the equivalence ratio of about 15 percent of the 
mean appear to be typical, again for carbureted engines, while spreads as high as 
20 to 30 percent are not uncommon at particular speeds for some engines.23• 40 

Time variations are less well defined; the limited data available suggest they 
could be of comparable magnitude.41 

With muJtipoint port fuel-injection systems, the fuel transport processes are 
substantially different and are not well understood. Air-flow phenomena are com­
parable to those with carbureted or throttle-body injection systems. However, 
manifold design can be optimized for air flow alone since fuel transport from the 
throttle through the manifold is no longer a design constraint. Because the manu­
facture and operation of individual fueJ injectors are not identical, there is still 
some variation in fuel mass injected cylinder-to•cylinder and cycle-to-cycle. Since 
individual cylinder air flows depend on the design of the manifold, whereas the 
amount of fuel injected does not, uniform air distribution is especially important 
with port injection systems. The fuel vaporization and transport processes will 
depend on the duration of injection and the timing of injection pulse(s) relative 
to the intake valve-lift profile. Some of the injected fuel will impinge on the port 
walls, valve stem, and backside of the valve, especially when injection toward a 
closed valve occurs. Backflow of hot residual gases at part-load operation wil1 
have a substantial effect on fuel vaporization. Compensation for fuel lag during 
transient engine operation is still required ; sudden throttle openings are accom­
panied by a "lean spike" in the mixture delivered to the engine, comparable to 
though smaller than that shown in Fig. 7-28 for a throttle-body fuel-injection 
system. Thus wall wetting, evaporation off the wall, and liquid flow along the 
wall are all likely to be important with port fuel-injection systems also. 

With port fuel-injection systems, liquid fuel enters the cylinder and droplets 
are present during intake and compression. Limited measurements have been 
made of the distribution, size, and number density of these fuel droplets. During 
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•ntake, the droplet number density in the clearance volume increased to a 
~a_ximum at the end of injection (the injection lasted from 45 to 153° ATC) and 
then decreased due to evaporation during compression to a very small value at 
the time of ignition. Average droplet size during intake was 10 to 20 µm in diam­
eter; it increased during compression as the smaller drops in the distribution 
evaporated. At the conditions tested, some 10 to 20 percent of the fuel was in 
droplet form at the end of injection. At ignition, the surviving droplets contained 
a negligible fraction of the fuel. During injection, the distribution of droplets 
across the clearance volume was nonuniform. It became much more uniform with 
tiJ1le, after injection ended. 33 

PROBLEMS 
7,1. The equivalence ratio in a conventional spark-ignition engine varies from no load 

{idle) to full load, at a fixed engine speed, as shown at the top of Fig. P7-l. (By load 
is meant the percentage of the maximum brake torque at that speed.) Also shown is 
the variation in total friction (pumping plus mechanical rubbing plus accessory 
friction). Using formats similar to those shown, draw carefully proportioned qualitat­
ive graphs of tbe following parameters versus load (0 to 100 percent): 

Combustion efficiency, ,,, 
Gross indicated fuel conversion efficiency, ,,1.18 

Gross indicated mean effective pressure, irnep
9 

Brake mean effective pressure, bmep 
Mechanical efficiency, '1m 

Indicate clearly where the ma.ximum occurs if there is 011e, and where the value is 
zero or unity or some other obvious value, if appropriate. Provide a brief justification 
for the shape of the curves you draw, 

~ i :~E½§_,l,__-----1'17 4 c::1>, 
0 100% 

Total I 
fmep . 

oo~-~~~-~-~~~ 

100% FIGURE P7-l 

7.2. The four-cylinder spark-ignition engine shown in the figure uses an oxygen sensor in 
the exhaust system to determine whether the exhaust gas composition is lean or rich 
of the stoichiometric point, and a throttle-body injection system with feedback to 
maintain engine operation close to stoichiometric. However, since there is a time 
delay between a change in the fuel/air ratio at the injector location and the detection 
of that change by the sensor (corresponding to the flow time between the injector 
and the sensor), the control system shown results in oscillations in fuel/air ratio 
about the stoichiometric point. 
(a) Estimate the average flow time between the injector and the sensor at an engine 

speed of 2000 rev/min. 
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(b) The sensor and control unit provide a voltage V of + V. volts when the fuel/aJr 
equivalence ratio </> is less than one and a voltage of - ~ volts when </> is great,er 
than one. The feedback injection system provides a fuel/air ratio (F / A) given by 

(!_) = (!_) (1 + CVt) 
A A t=O 

where t is the time (in seconds) after the voltage signal last changed sign, 
(F/A),=o is the fuel/air ratio at the injector at l = 0, and C is a constant. Develop 
carefully proportioned quantitative sketches of the variation in the fuel/air ratio 
at the injector and at the exhaust sensor, with time, showing the phase relation 
between the two curves. Explain briefly how you developed these graphs. 

(c) Find the value of the constant C, in volts- 1-seconds- 1 (the feedback system 
gain), such that (F/A) variations about the stoichiometric value do not excei:d 
± 10 percent for ~ = 1 V. 

Signal Control 
......---------------------1 unit 

-0.4 m- -0.3 m 
,-----, 

Engine \ 
Sensor 

Fuel 
Intake manifold, 

3 cm diam Exbaus1 manifold, 

Feedback 
injector 

vd = 500 cm3 

per cylinder 

3 cm diam 

FIGURE P7-l 

7.3. In many spark-ignition engines, liquid fuel is added to the inlet air upstream of the 
inlet manifold above the throttle. The inlet manifold is heated to ensure that und1er 
steady-state conditions the fuel is vaporized before the mixture enters the cylinder. 
(a) At normal wide-open throttle operating conditions, in a four-stroke cycle 

1.6-dm3 displacement four-cylinder engine, at 2500 rev/min, the temperature 1of 

the air entering the carburetor is 40°C. The heat of vaporization of the fuel is 
350 kJ/kg and the rate of heat transfer to the intake mixture is 1.4 kW. Estimate 
the temperature of the inlet mixture as it passes through the inlet valve, assuming 
that the fuel is fully vaporized. The volumetric efficiency is 0.85. The air density is 
1.06 kg/m3 and cP for air is 1 kJ/kg • K.. You may neglect the effects of the heat 
capacity of the liquid and vapor fuel. 

(b) With port electronic fuel-injection systems, the fuel is injected directly into the 
intake port. The intake manifold is no longer heated. However, the fuel is on.ly 
partly vaporized prior to entering the cylinder. Estimate the mixture temperatwre 
as it passes through the inlet valve with the EFI system, assuming that the a.ir 
temperature entering the intake manifold is still 40°C and 50 percent of the fuel is 
vaporized. 

(c) Estimate the ratio of the maximum indicated power obtained at these conditions 
with this engine with a carburetor, to the maximum power obtained with port 
fuel injection. Assume that the inlet valve is the dominant restriction in the flow 
into the engine and that the pressure ratio across the inlet valve is the same for 
both carbureted and port-injection fueled engines. The intake mixture pressuire 
and eqttivalence ratio remain the same in both these cases. 
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Port fuel-injection systems are replacing carburetors in automobile spark-ignition 
engines. List the major advantages and any disadvantages of fuel metering with port 
fue1 injection telative to carburetion. 

With multipoint port fuel injection and single-point injection systems, the fuel flow 
rate is controlled by the injection pulse duration. If each injector operates contin­
uously at the maximum rated power point (wide-open throttle, A/F = 12, 5500 
rev/min) of an automobile spark-ignition engine, estimate approximately the injec­
tion pulse duration (in crank angle degrees) for the same engine at idle. Idle condi­
tions are: 700 rev/min, 0.3 atm inlet manifold pressure, stoichiometric mixture. 

The fuel-air cycle results indicate that the maximum imep is obtained with gasoline­
air mixtures at equivalence ratios of about 1.0. In practice, the maximum wide-open 
throttle power of a spark-ignition engine at a given speed is obtained with an air/fuel 
ratio of about 12. The vaporization of the additional gasoline lowers the temperature 
of the inlet air and the richer mixture has a lower ratio of specific heats Yu during 
compression, Estimate approximately the change in mixture temperature due to 
vaporization of the additional fuel used to decrease A/F from 14.6 (an equivalence 
ratio of 1.0) to 12.2 in the intake system, and the combined effect of vaporization and 
lower 'Yu on the unburned mixture temperature at WOT when the cylinder pressure 
is at its peak of 40 atm. (The principal effect of the richer mixture is its impact on 
knock.) 
(a) Plot dimensionless throttle plate open area 4AuJ(nD2) as a function of throttle 

plate angle 1/t. Assume r/to = 10°, D (throttle bore diameter)= 57 mm, d (throttle 
shaft diameter) = 10.4 mm. What is the throttle plate area 7 

(b) Estimate the average velocity of the air flowing through the throttle plate open 
area for 1/1 = 26° at 3000 rev/min and t/1 = 36° at 2000 rev/min. Use the relation­
ship between 1/1. engine speed, and inlet manifold pressure given in Fig. 7-22. 
Assume a discharge coefficient CD= 0.8. 

(c) For the throttle of part (a), estimate and plot the total force on the throttle plate 
and shaft, and the force parallel and perpendicular to the throttle bore axis (i.e., 
in the mean flow direction and normal to that direction) as a function of throttle 
angle at 2000 rev/min. Again use Fig. 7-22 for the relationship between tJJ and 
inlet manifold pressure. 

For the engine and intake manifold shown in Fig. 7-23, estimate the ratio of the 
intake manifoJd runner cross-sectional area to (1t82/4), the ratio of the length of the 
flow path from the intake manifold entrance to the inlet valve seat to the bore, the 
ratio of the volume of each inlet port to each cylinder's displaced volume, and the 
ratio of the volume of each intake manifold runner to each cylinder's displaced 
volume. The cylinder bore is 89 mm. 
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CHAPTER 

8 
CHARGE 
MOTION 
WITHIN 

THE 
CYLINDER 

Gas motion within the engine cylinder is one of the major factors that controls 
the combustion process in spark-ignition engines and the fuel-air mixing and 
combustion processes in diesel engines. It also has a significant impact on heat 
transfer. Both the bulk gas motion and the turbulence characteristics of the flow 
are important. The initial in-cylinder flow pattern is set up by the intake process. 
It may then be substantially modified during compressii:m. This chapter reviews 
the important features of gas motion within the cylinder set up by flows into and 
out of the cylinder through valves or ports, and by the motion of the piston. 

8.1 INTAKE JET FLOW 

The engine intake process governs many important aspec;;ts of the flow within the 
cylinder, In four-stroke cycle engines, the inlet valve is the minimum area for the 
flow (see Sec. 6.3) so gas velocities at the valve are the highest velocities set up 
during the intake process. The gas issues from the valve opening into the cylinder 
as a conical jet and the radial and axial velocities in the jiet are about 1 O times the 
mean piston speed. Figure 8-1 shows the radial and ax:ial velocity components 
close to the valve exit, measured during the intake process, in a motored model 
engine with transparent walls and single valve located on the cylinder axis, using 
laser doppler anemometry (see next section). 1 The jet separates from the valve 
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Radial mean velocity ii, and root mean square (rms) velocity fluctuations v~ at the valve exit plane, 
and axial mean velocity iiz and rms velocity fluctuation v~ lS mm below the cylinder head, at 36° ATC 
In model engine operated at 200 rev/min. Valve lift= 6 mm. Velocities normalized by mean piston 
speed.1 

seat and lip, producing shear layers with large velocity gradients which generate 
turbulence. This separation of the jet sets up recirculation regions beneath the 
valve head and in the corner between the cylinder wan and cylinder head. 

The motion of the intake jet within the cylinder is shown in the schlieren 
photographs in Fig. 8-2 taken in a transparent engine. This engine had a square 
cross-section cylinder made up of two quartz walls and two steel walls, to permit 
easy optical access. The schlieren technique makes regions with density gradients 
in the flow show up as lighter or darker regions on the film. 2 The engine was 
throttled to one-half an atmosphere intake pressure, so the jet starts after the 
intake stroke has commenced, at 35° ATC> following back.flow of residual into 
the intake manifold. The front of the intake jet can be seen propagating from the 
valve to the cylinder wall at several times the mean piston speed. Once the jet 
reaches the wall (9 > 41 ° A TC), the wall deflects the major portion of the jet 
downward toward the piston; however, a substantial fraction flows upward 
toward the cylinder head. The highly turbulent nature of the jet is evident. 

The interaction of the intake jet with the wall produces large-scale rotating 
flow patterns within the cylinder volume. These are easiest to visualize where the 
engine geometry has been simplified so the flow is axisymmetric. The photograph 
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(a) 30° (b) 35° 

(d) 39° (e) 41 ° (/) 70° 

FIGURE 8-2 
Sequence of schlieren photographs of intake jet as it develops during intake stroke. Numbers are 
crank angle degrees after TC. 2 

in Fig. 8-3 of a water analog of an engine intake flow was taken in a transparent 
model of an engine cylinder and piston. The valve is located in the center of the 
cylinder head, and the flow into the valve is along the cylinder axis. The experi­
mental parameters have been scaled so that the appropriate dimensionless 
numbers which govern the flow, the Reynolds and Strouhal numbers, were main­
tained equal to typical engine values. The photograph shows the major features 

FIGURE 8·3 
Large-scale rotating flow pattern 
sel up within the cylinder by the 
intake jet. Photograph of streak 
lines in water flow into model 
engine with axisymmetric valve.3 
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f the intake genierated flow in a thin illuminated plane through the cylinder axis. 
~be streaks are records of the paths of tracer particles in the flow during the 
period the camera shutter is open. The bulk of the cylinder as the piston moves 
down is filled with a large ring vortex, whose center moves downward and 
remains about halfway between the piston and the head. The upper corner of the 
cylinder contains a smaller vortex, rotating in the opposite direction. These vor­
tices persist until about the end of the intake stroke, when they became unstable 
and break up. 3 

With inlet valve location and inlet port geometry more typical of normal 
engine practice, the intake generated flow is more complex. However, the pre­
sence of large-s,::ale rotating flow patterns can still be discerned. Figure 8-4a 
shows the effect of off-axis valve location (with the flow into the valve still paral­
lel to the cylinder and valve axis). During the first half of the inlet stroke, at least, 
a flow pattern similar in character to that in Fig. 8-3 is evident. The vortices are 
00w displaced to one side, however, and the planes of their axes of rotation are 
no longer perpendicular to the cylinder axis but are tipped at an angle to it. The 
vortices become unstable and break up earlier in the intake stroke than was the 
case with the axisymmetric flow.3 With an offset valve and a normal inlet port 
configuration which turns the flow through 50 to 70° (see Fig. 6• 13), photographs 

-

(a) (b) 

FIGURE 8-4 
Sketches from: {a) streak photographs of in-cylinder intake generated flow in water analog of intake 
process in model engine with offset inlet va]ve, at 90a ATC;3 (b) streak photographs of flow in diam­
etral plane; 30 mm below cylinder head, with intake port and valve geometry shown, with steady 
water flow into cylinder. Valve lift = 4 mm.4 
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of the flow pattern in a diametral plane show an additional large-scale rotation. 
Figure 8-4b shows the flow pattern observed jn a water-flow model of the cylin­
der in a plane 30 mm (one-third of the bore) from the cylinder head, with a 
standard inlet port design. The direction of flow with this vortex pair is toward 
the left across the center of the cylinder. This flow pattern occurs because the 
cylinder wall closest to the valve impedes the flow out of the valve and forces the 
flow on either side of the plane passing through the valve and cylinder axes to 
circulate around the cylinder in opposite directions. The upper vortex follows the 
flow direction of the port and becomes larger still as the valve lift increases. The 
details of this aspect of the intake flow depend on the port design, valve stern 
orientation, and the valve lift.4 With suitable port and/or cylinder head design, it 
is possible to develop a single vortex flow within the bulk of the cylinder. The 
production and characteristics of such "swirling'' flows are reviewed in Sec. 8.3. 

In summary, the jet•like character of the intake flow, interacting with the 
cylinder walls and moving piston, creates large-scale rotating flow patterns within 
the cy]inder. The details of these flows are strongly dependent on the inlet port, 
valve, and cylinder head geometry. These flows appear to become unstable, either 
during the intake or the compression process, and break down into three­
dimensional turbulent motions. Recirculating flows of this type are usually sensi­
tive to small variations in the flow: hence there are probably substantial 
cycle-by.cycle flow variations.5 

8.2 MEAN VELOCITY AND 
TURBULENCE CHARACTERISTICS 

8.2.1 Definitions 

The flow processes in the engine cylinder are turbulent. In turbulent flows, the 
rates of transfer and mixing are several times greater than the rates due to molec­
ular diffusion. This turbulent "diffusion" results from the local fluctuations in the 
flow field. It leads to increased rates of momentum and heat and mass transfer, 
and is essential to the satisfactory operation of spark-ignition and diesel engines. 
Turbulent flows are always dissipative. Viscous shear stresses perform deforma­
tion work on the fluid which increases its internal energy at the expense of its 
turbulence kinetic energy. So energy is required to generate turbulence: if no 
energy is supplied, turbulence decays. A common source of energy for turbulent 
velocity fluctuations is shear in the mean flow. Turbulence is rotational and is 
characterized by high fluctuating vorticity: these vorticity fluctuations can only 
persist if the velocity fluctuations are three dimensional.6 

The character of a turbulent flow depends on its environment. In the engine 
cylinder, the flow involves a complicated combination of turbulent shear layers) 
recirculating regions, and boundary layers. The flow is unsteady and may exhlbit 
substantial cycle-to-cycle fluctuations. Both large-scale and small-scale turbulent 
motions are important factors governing the overall behavior of the fl.ow.5 

An important characteristic of a turbulent flow is its irregularity or ran• 
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doIIlness. Statistical methods are therefore used to define such a flow field. The 
qiJantities normally used are: the mean velocity, the fluctuating velocity about 
the mean, and several length and time scales. In a steady turbulent flow situation, 
the instantaneous local fluid velocity U (in a specific direction) is written: 

U(t) = 0 + u(t) (8.1) 

for steady flow, the mean velocity O is the time average of U(t): 

- 111o+r 
U = lim - U(t) dt 

1:-0 00 't IO 

(8.2) 

The fluctuating velocity component u is defined by its root mean square value, 
the turbulence intensity, u': 

( 1 110 +1: )l/2 
u' = lim - u2 dt 

1: .... co 't ro 
(8.3a) 

Alternatively, 

u' = Jim - (U 2 - 0 2) dt [ 1 lro+r ]1/2 

t .... oo 't lo 
(8.3b) 

since the time average of (uO) is zero. 
In engines, the application of these turbulence concepts is complicated by 

the fact that the flow pattern changes during the engine cycle. Also, while the 
overall features of the flow repeat each cycle, the details do not because the mean 
flow can vary significantly from one engine cycle to the next. There are both 
cycle-to-cycle variations in the mean or bulk flow at any point in the cycle, as 
well as turbulent fluctuations about that specific cycle's mean flow. 

One approach used in quasi-periodic flows such as that which occurs in the 
engine cylinder is ensemble-averaging or phase-averaging. Usually, velocity mea­
surements are made over many engine cycles, and over a range of crank angles. 
The instantaneous velocity at a specific crank angle position fJ in a particular 
cycle i can be written as 

U(0, i) = 0(0, i) + u(0, i) (8.4) 

The ensemble- or phase-averaged velocity, 0(0), is defined as the average of 
values at a specific phase or crank angle in the basic cycle. Figure 8-5 shows this 
approach applied schematically to the velocity variation during a two-stroke 
engine cycle, with small and large cycle-to-cycle variations. The ensemble­
averaged velocity is the average over a large number of measurements taken at 
the same crank angle (two such points are indicated by dots): 

- 1 N, 

UeA(fJ) = Ne i~1 U(0, i) (8.5) 

where Ne is the number of cycles for which data are available. By repeating this 
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(a) Low cycle-to-cycle variation 

Instantaneous 

Time 

_i_ 
(b) Large cycle-to-cycle variation 

u _j_ 
(nstantaneous 

0 
Individual cycle me 

Time 
Ensemble average 

FIGURE 8-5 
Schematic of velocity variation with crank angle at a fixed location in the cylinder during two con­
secutive cycJes of an engine. Dots indicate measurements of instantaneous velocity at the same crank 
angle. Ensemble- or phase-averaged velocity obtained by averaging over a large number of such 
measurements shown as solid smooth line. Top graph: low cycle-to-cycle flow variations. Here the 
individual-cycle mean velocity and ensemble-averaged velocity are closely comparable. Bottom 
graph: large cycle-to-cycle variations. Here the individual-cycle mean velocity (dotted line) is different 
from the ensemble-averaged mean by 0. The turbulent fluctuation u is then defined in relation to the 
individual-cycle mean. 5 

process at many crank angle locations, the ensemble-averaged velocity profile 
over the complete cycle is obtained. 

The ensemble-averaged mean velocity is only a function of crank angle 
since the cyclic variation has been averaged out. The difference between the mean 
velocity in a particular cycle and the ensemble-averaged mean velocity over many 
cycles is defined as the cycle-by•cycle variation in mean velocity: 

(8.6) 

Thus the instantaneous velocity, given by Eq. (8.4), can be split into three com~ 
ponents: 7 

U((}, i) = rJ EA(0) + U((}, i) + u(0, i) (8.7) 
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FIGURE 8-6 
Schematic of jet created by flow through the intake 
valve indicating its turbulent structure. 5• 6 

figure 8-5 illustrates this breakdown of the instantaneous velocity into an 
ensemble-averag,ed component, an individual-cycle mean velocity, and a com­
ponent which rnndomly fluctuates in time at a particular point in space in a 
single cycle. This last component is the conventional definition of the turbulent 
velocity fluctuation. Whether this differs significantly from the fluctuations about 
the ensemble-avi~raged velocity depends on whether the cycle-to-cycle fluctua­
tions are small 01r large. The figure indicates these two extremes.t 

In turbuleo.t flows, a number of length scales exist that characterize different 
aspects of the ffow behavior. The largest eddies in the flow are limited in size by 
the system boundaries. The smallest scales of the turbulent motion are limited by 
molecular diffusion. The important length scales are illustrated by the schematic 
of the jet issuing; into the cylinder from the intake valve in Fig. 8-6. The eddies 
responsible for most of the tur bulence production during intake are the large 
eddies in the comical inlet jet flow. These are roughly equal in size to the local jet 
thickness. This scale is called the integral scale, l1 : it is a measure of the largest 
scale structure of the flow field. Velocity measurements made at two points 
separated by a distance x significantly less than l 1 wilt correlate with each other; 
with x ~ I 1 , no correlation will exist. The integral length scale is, therefore, 
defined as the in1tegral of the autocorrelation coefficient of the fluctuating velocity 
at two adjacent points in the flow with respect to the variable distance between 

t There is considerable debate as to whether the fluctuating components of the velocity U(O, 1) defined 
by Eq. (8.7) (cycle fluctuations in the mean velocity and fluctuations in time about the individual cycle 
mean) are physically distinct phenomena. The high-frequency fluctuations in velocity are often defined 
as" turbulence." The low-frequency fluctuations are generally attributed to the variations in the mean 
flow between individual cycles, a phenomenon that is well established. Whether this distinction is 
Valid has yet to be resolved. 
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FIGURE 8-7 
Spatial velocity autocorrelation R" as a function of 

o1..-...1------'---------===-- x, defining the integral length scale 11 and the 
JM 1, .x micro length scale 1111 . 

the points, as shown in Fig. 8-7: i.e .• 

11 = f.

00 

Rx dx 

where 

R = 1 I u(x0)u(x0 + x) 
x Nm - 1 i = t u'(x0)u'(x0 + x) 

(8.8a) 

(8.8b) 

This technique for determining the integral scale requires simultaneous measure­
ments at two points. Due to the difficulty of applying such a technique in engines, 
most efforts to determine length scales have first employed correlations to deter­
mine the integral time scale, t 1 . The integral time scale of turbulence is defined as 
a correlation between two velo1cities at a fixed point in space, but separated in 
time: 

(8.9a) 

where 

R = 1 r u(t0 )u(t0 + t) 
' Nm - 1 I= 1 u'(t0)u'(t0 + t) 

(8.9b) 

and Nm is the number of measurements. Under conditions where the turbulence 
pattern is convected past the observation point without significant distortion and 
the turbulence is relatively wea.k, the integral length and time scales are related 
by 

(8.10) 

In flows where the large-scale structures are convected, t 1 is a measure of the time 
it takes a large eddy to pass a point. In flows without mean motion, the integral 
time scale is an indication of the: lifetime of an eddy. 5• 

8 

Superposed on this large:-scale flow is a range of eddies of smaller and 
smaller size, fed by the continlltal breakdown of larger eddies. Since the smaller 
eddies respond more rapidly to changes in local flow pattern, they ate more likely 
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be isotropic (have no preferred direction) than are the large eddies, and have a 
to ucture like that of other turbulent flows. The dissipation of turbulence energy 
t~es place in the sma11est structures. At this smallest scale of the turbulent 
a otion called the Kolmogorov scale, molecular viscosity acts to dissipate small­

rn ale kinetic energy into heat. If e is the energy dissipation rate per unit mass and 
:cthe kinematic viscosity, Kolmogorov length and time scales are defined by 

'• -(v:r• '• -(J' (8.11) 

The Kolmogorov length scale indicates the size of the smallest eddies. The 
J(olmogorov time scale characterizes the momentum-diffusion of these smallest 
structures. 

A third scale is useful in characterizing a turbulent flow. It is called the 
microscale (or Taylor microscale). The micro length scale IM is defined by relating 
the fluctuating strain rate of the turbulent flow field to the turbulence intensity; 

au u' 
- ~ - (8.12) 
8x [M 

Jt can be determined from the curvature of the spatial correlation curve at the 
origin, as shown in Fig. 8-7. 5• 6 More commonly, the micro time scale 1: M is deter­
mined from the temporal autocorrelation function of Eq. (8.9}: 

For turbulence which is homogeneous (has no spatial gradients) and is isotropic 
(has no preferred direction), the microscales lM and tM are related by 

(8.13) 

These different scales are related as follows. The turbulent kinetic energy 
per unit mass in the large~scale eddies is proportional to u'2 . Large eddies lose a 
substantial fraction of this energy in one" turnover" time l1/u'. 1n an equilibrium 
situation the rate of energy supply equals the rate of dissipation: 

Thus, 

(8.14) 

where Rer is the turbulent Reynolds number, u'l1/v. 
Within the restrictions of homogeneous and isotropic turbulence, an energy 

budget can be used to relate lr and IM: 6 

Au'3 15vu'2 

e=-. -= 2 
11 lM 
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where A is a .constant of order 1. Thus, 

lM = (15)112 Re- 1/2 
l1 A T 

(8.15) 

These restrictions are not usually satisfied within the engine cylinder during 
intake. They are approximately satisfied at the end of compression. 

8.2.2 Application to Engine Velocity Data 

As has been explained above, it is necessary to analyze velocity data on an indi~ 
vidual cycle basis as well as usin~: ensemble-averaging techniques. The basic defi.. 
nitions for obtaining velocities which characterize the flow will now be developed. 
The ensemble-averaged velocity O EA has already been defined by Eq. (8.5). The 
ensemble-averaged fluctuation intensity u~. EA is given by 

{ 
J Ne }1/2 { 1 Ne }1/2 

u~.BA(0) = - L [u(O, i)] 2 = -N _L [U(0, i)2 
- aEA(0)2

] (8.16) 
NC 1= 1 c 1='1 

It includes all fluctuations about the ensemble-averaged mean velocity. 
Use of Eqs. (8.5) and (8.16) requires values for U and u at each specific 

crank angle under consideration. While some measurement techniques (e.g., hot­
wire anemometry) provide this, the preferred velocity measurement method (laser 
doppler anemometry) provides am intermittent signal. With laser doppler ane• 
mometry (LDA), interference fringes are produced within the small volume 
created by the intersection of two laser beams within the flow field. When a small 
particle passes through this voluJme, it scatters light at a frequency proportional 
to the particle velocity. By seeding the flow with particles small enough to be 
carried without slip by the flow and collecting this scattered light, the flow veloc­
ity is determined. 9 A signal is on.ly produced when a particle moves through the 
measurement volume; thus one collects data as velocity crank angle pairs. It is 
necessary, therefore, to perfonn the ensemble-averaging over a finite crank angle 
window tJ.0 around the specific crank angle of interest, 0. The ensemble•averaged 
velocity equation becomes 

_ _ 1 Ne Nt ( - !J.0) 
UeA(O) = N, i~1 j~l u,.1 0 ± 2 (8.17) 

where N 1 is the number of velocity measurements recorded in the window during 
the ith cycle, Ne is the number olf cycles, and N, is the total number of measure­
ments.t The corresponding equation for the ensemble-averaged root mean square 

t This need to ensemble-average over a ·finite crank angle window introduces an error called crank 
angle broadening, due to change in the mean velocity across the window. This error depends on the 
velocity gradient, and can be made negligibly small by suitable choice of window size. 9- 11 
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velocity fluctuation is 

(8.18) 

where 

Ut,J = Ut,J - UEA (8.19) 

As has already been explained, this definition of fluctuation intensity [the 
ensemble-averaged rms velocity fluctuation, Eq. (8.18)] includes cyclic variations 
in the mean flow as well as the turbulent fluctuations about each cycle's mean 
flow.7 It is necessary to determine the mean and fluctuating velocities on an 
individuaJ-cycle basis to characterize the flow field more completely. The criticaJ 
part of this pI'ocess is denning the mean velocity at a specific crank angle ( or 
within a small window centered about that crank angJe) in each cycle. Several 
methods have been used to determine this individual-cycle mean velocity (e.g., 
moving window, low-pass fi ltering, data smoothing, conditional sampling; see 
Ref. 7 for a summary). A high data rate is required. 

In this individual-cycle velocity analysis the individual-cycle time-averaged 
or mean velocity 0(0, i) is first determined.7• 1 2 The ensemble average of this 
mean velocity 

(8.20) 

is identical to the ensemble-averaged value given by Eq. (8.17). The root mean 
square fluctuation in individual-cycle mean velocity can then be determined from 

(8.21) 

This indicates the magnitude of the cyclic fluctuations in the mean motion. The 
instantaneous velocity fluctuation from the mean velocity, within a specified 
window Li0 at a particular crank angle 0, is obtained from Eq. (8.4). This instan­
taneous velocity fluctuation is ensemble-averaged, because it varies substantially 
cycle-by-cycle and because the amount of data is usually insufficient to give reli­
able individual-cycle results: 

{8.22) 

This quantity is the ensemble-averaged turbulence intensity. 
Several different techniques have been used to measure gas velocities within 

the engine cylinder (see Refs. 13 and 14 for brief reviews and references). The 
technique which provides most complete and accurate data is laser doppler ane­
mometry.9 Sample results obtained with this technique will now be reviewed to 
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illustrate the major features of the in-cylinder gas motion. The available results 
must be interpreted with caution since they have been ob1tained in special engines 
where the geometry and flow have been modified to make the experiments and 
their interpretation easier. Also, the flow within the cylinder is three dimensional 
in nature. It takes measurements at many points within tl~e flow field and the use 
of a flow visualization technique to characterize the flow adequately. 

Figure 8-8 shows ensemble-averaged velocities throughout the engine cycle 
at two measurement locations in a special L-head engim: designed to generate a 
swirling flow within the cylinder. The engine was motored at 300 rev/min, giving 
a mean piston speed of 0.76 m/s. Figure 8-8b shows the mean velocity in the path 
of the swirling intake flow within the clearance volume., in the swirl direction. 
High velocities are generated during the intake process, rising to a maximum and 
then decreasing in response to the piston motion (see Fig. 2-2). During the com­
pression stroke, the velocity continues to decrease but at a much slower rate. This 
is a motored engine cycle. A comparison of intake and. compression velocities 
with an equivalent firing cycle showed close agreement. 15 The expansion and 

(a) 

40 
b 

0 
_ 5.__.__......_.._.._.._.._.__.._.._.__......,... 

0 180 360 540 
Intake Compression Expansion E,diausl 

Crank angle, deg 
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FIGURE 8-8 

20~------------, 
C 

- JO.__..__..._~-~~~.....,,....,...~~ 
0 180 360 540 720 

Itltake Compress.;ion Exhaust Expansion 
Crank angle, deg 

(c) 

Ensemble-averaged velocities throughout the engine cycle in motored four-stroke L-head engine: 300 
rev/min, mean piston speed 0.76 m/s. (a) Engine schematic showing measurement locations and veloc­
ity directions; (b) velocity at bin intake flow path; (c) velocity at con cylinder axis.11 
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(b) 

Ensemble-averaged rms velocity fluctuation and ensemble-averaged in dividual-cycle turbulence inten­
sity as a function of ,crank angle; (a) at location bin Fig. 8-Sa ; (b) at location c in Fig. 8-Sa.11 

exhaust stroke velocities are not typical of firing engine behavior, however.t 
Figure 8-8c shows the mean velocity in the clearance volume in the same direc­
tion but on the cylinder axis. At this location, positive and negative flow veloc­
ities were measured. Since this location is out of the path of the intake generated 
flow, velocities during the intake stroke are much lower. The noohomogeneous 
character of this particular ensemble-mean flow is evident. 

Figure 8-91 shows the ensemble-averaged rms velocity fluctuation (which 
includes contributions from cycle-by-cycle variations in the mean flow and 
turbulence) and the ensemble-averaged individual-cycle turbulence intensity at 
these same two llocations and directions. The difference between the two curves in 
each graph is an indication of the cycle-by-cycle variation in the mean flow [see 
Eq. (8.7)]. During the intake process, within the directed intake flow pattern, the 
cycle-by-cycle variation in the mean flow is small in comparison to the high 
turbulence levels created by the intake flow. Outside this directed flow region, 
again during intake, this cycle-by-cycle contribution is more significant relative to 
the turbulence. During compression, the cycle-by-cycle mean flow variation is 
comparable in magnitude to the ensemble-averaged turbulence intensity. It is 
therefore highly significant. 

Two important questions regarding the turbulence in the engine cylinder 
are whether it is homogeneous (i.e., uniform) and whether it is isotropic (i.e., 
independent of direction). The data already presented in Figs. 8-8 and 8-9 show 
that during intake the flow is far from homogeneous. Nor is it isotropic. 1 1 

t The increase in vc:locity when the exhaust valve opens is due to the flow of gas into the cylinder 
because, due primariily to heat losses, the cyUnder pressure is then below l atm. 
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However, it is the character of t.he turbulence at the end of the compression 
process that is most important: that is what controls the fuel-air mixing and 
burning rates. Only limited data are available which relate to these questions. 
With open disc-shaped combusti1on chambers, measurements at different loca­
tions in the clearance volume around TC at the end of compression show the 
turbulence intensity to be relatively homogeneous. In the absence of an intake 
generated swirling flow, the turbulence intensity was also essentially isotropic 
near TC.16 These specific results support the more general conclusion that the 
inlet boundary conditions play tbe dominant role in the generation of the mean 
flow and turbulence fields during the intake stroke. However, in the absence of 
swirl, this intake generated flow structure has almost disappeared by the time the 
compression process commences. The turbulence levels follow this trend in the 
mean flow, with the rapid decay process lasting until intake valve closing. Later 
in the compression process the turbulence becomes essentially homogeneous.1 7 

When a swirling flow is generated during intake, an almost solid-body 
rotating flow develops which remains stable for much longer than the inlet jet 
generated rotating flows illustrate:d in Fig. 8·3. With simple disc-shaped cham­
bers, the turbulence still appears to become almost homogeneous at the end of 
compression. With swirl and bowl-in-piston geometry chambers, however, the 
flow is more complex (see Sec. 8.3). 

The flow through the intake valve or port is responsible for many features 
of the in-cylinder motion. The flow velocity through the valve is proportional to 
the piston speed [see Eq. (6.10) for pseudo valve flow velocity, and Eq. 2.10)]. It 
would be expected therefore that in-cylinder flow velocities at different engine 
speeds would scale with mean piston speed [Eq. (2.11)]. Figure 8-10 shows 
ensemble-averaged mean and rms velocity fluctuations, normalized by the mean 
piston speed through the cycle at !three different engine speeds. The measurement 
location is in the path of the intake generated swirling flow (point b in Fig. 8-8a). 
A11 the curves have approximately the same shape and magnitude, indicating the 
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8 10 

Individual-cycle tut'bulence intensity u;.. llA (OX) and ensemble-averaged nns fluctuation velocity 
(remaining symbols)! at TC at the end of compression, for a number of different flow configurations 
and chamber geometries as a function of mean piston speed.16 Two data sets for two-stroke ported 
engines. Four data sets with intake generated swirl. 

appropriateness of this velocity scaling.t Other results support this conclusion, 
though in the absence of an ordered mean motion such as swirl when the 
ensemble-averaged mean velocities at the end of compression are low, this scaling 
for the mean velocity does not always hold.16 Figure 8~ 11 shows a compilation of 
ensemble-averaged rms fluctuation velocity or ensemble-averaged individual­
cycle turbulence: intensity results at TC at the end of compression, from 13 differ­
ent flow configurations and combustion chamber geometries. Two of these sets of 
results are from two-stroke cycle ported configurations. The measured fluctuating 
velocities or turbulence intensities are plotted against mean pjston speed. The 
linear relationship holds we1l. There is a substantial variation in the proportion­
ality constant, in part because in most of these studies (identified in the figure) the 
ensemble-averaged rms fluctuation velocity was the quantity measured. Since this 
includes the cyclle-by•cycle fluctuation in the mean velocity, it is larger (by up to a 
factor of 2) than the average turbulence intensity u~. EA. 

A consensus conclusion is emerging from these studies that the turbulence 
intensity at top-•center, with open combustion chambers in the absence of swirl, 
has a maximum value equal to about half the mean piston speed :16

• 
18 

(8.23) 

t Note that because of the valve and combustion chamber of this particular engine, the ratio of O to 
SP is higher than is typical of normal engine geometries. 
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The available data show that the turbulence intensity at TC with swirl is usually 
higher than without swirl16 (see the four data sets with swirl in Fig. 8-11). Some 
data, however, indicate that the rms fluctuation intensity with swirl may be 
lower.18 The ensemble-averaged cyclic variation in individual-cycle mean velocity 
at the end of compression also scales with mean piston speed. This quantity cain 
be comparable in magnitude to the turbulence intensity. It usually decreases 
when a swirling flow is generated within the cylinder during the intak1e 
process.11 

• 
16 

During the compression stroke, and also during combustion while the 
cylinder pressure continues to rise, the unburned mixture is compressed. Turbu­
lent flow properties are changed significantly by the large and rapidly imposed 
distortions that result from this compression. Such distortions, in the absence oif 
dissipation, would conserve the angular momentum of the flow: rapid compres­
sion would lead to an increase in vorticity and turbulence intensity. There is 
evidence that, with certain types of in-cylinder flow pattern, an increase in turbu­
lence intensity resulting from piston motion and combustion does occur toward 
the end of the compression process. The compression of large-scale rotating flows 
can cause this increase due to the increasing angular velocity required to con­
serve angular momentum resulting in a growth in turbulence generation b:y 
shear.19 

Limited results are available which characterize the turbulence time and 
length scales in automobile engine flows. During the intake process, the integral 
length scale is of the order of the intake jet diameter, which is of the order of th1e 
valve lift (;S 10 mm in automobile-size engines). During compression the flow 
relaxes to the shape of the combusion chamber. The integral time scale at the end 
of compression decreases with increasing engine speed. It is of order 1 ms at 
engine speeds of about 1000 rev/min. The integral length scale at the end oif 

compression is believed to scale with the clearance height and varies little with 
engjne speed. It decreases as the piston approaches TC to about 2 mm 
(0.2 x clearance height). The micro time scale at the end of compression is of 
order 0.1 ms at 1000 rev/min1 and decreases as engine speed increases (again im 
automobile-size engine cylinders). Micro length scales are of order I mm at the 
end of compression and vary little with engine speed. Kolmogorov length scales 
at the end of compression are of order 10- 2 mm. 8• 

2 0
, 
21 

8.3 SWIRL 

Swirl is usually defined as organized rotation of the charge about the cylinde.r 
axis. Swirl is created by bringing the intake flow into the cylinder with an initial 
angular momentum. While some decay in swirl due to friction occurs during the 
engine cycle, intake generated swirl usually persists through the compression, 
combustion, and expansion processes. In engine designs with bowl-in-piston 
combustion chambers, the rotational motion set up during intake js substantially 
modified dudng compression. Swirl is used in diesels and some stratified-charg<~ 
engine concepts to promote more rapid mixing between the inducted air chargi;:-
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and the injected fuel. Swirl is also used to speed up the combustion process in 
spark-ignition engines. In two-stroke engines it is used to improve scavenging. In 
some designs of prechamber engines, organized rotation about the prechamber 
a,ds is also calk:d swirl. In prechamber engines where swirl within the precom­
bustion chamber is important, the flow into the prechamber during the compres­
sion process creiates the rotating flow. Prechamber flows are discussed in Sec. 8.5, 

s.J.1 Swirl M[easurement 

The nature of thte swirling flow in an actual operating engine is extremely difficult 
to determine. Accordingly, steady flow tests are often used to characterize the 
swirl. Air is blown steadily through the inlet port and valve assembly in the 
cylinder head into an appropriately located equivalent of the cylinder. A common 
technique for characterizing the swirl within the cylinder has been to use a light 
paddle wheel, pivoted on the cylinder centerline (with low friction bearings), 
mounted between 1 and 1.5 bore diameters down the cylinder. The paddle wheel 
diameter is close to the cylinder bore. The rotation rate of the paddle wheel is 
used as a measure of the air swirl. Since this rotation rate depends on the loca­
tion of the whe,el and its design, and the details of the swirling flow, this tech­
nique is being superseded by the impulse swirl meter shown in Fig. 8-12. A 
honeycomb flow straightener replaces the paddle wheel; it measures the total 
torque exerted by the swirling flow. This torque equals the flux of angular 

t + 

11 
11 
11 
11 
I I 
I I 

+ 

Restrainin.g torque 

t 

Air ---

FIGURE 8-12 
Schematic of steady-flow impulse torque swirl 
meter.22 
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momentum through the plane coinciding with the flow-straightener upstream 
face. 

For each of these approache::s; a swirl coefficient is defined which essentially 
compares the flow's angular momentum with its axial momentum. For the 
paddle wheel, the swirl coefficient Cs is defined by 

C = weB 
s Vo 

(8.24) 

where w P is the paddle wheel angular velocity ( = 2nN P , where NP is the rotation­
al speed) and the bore B has bc~en used as the characteristic dimension. The 
characteristic velocity, v0 , is derived from the pressure drop across the valve 
using an incompressible flow equation: 

·- [2(po - pJ]l/2 
Vo ·-

p 
(8.25) 

or a compressible flow equation: 

Vo = { 2y Po [1 -(Pc)(y- ll/Y]}l/2 

(y - l) Po Po 
(8.26) 

where the subscripts O and c refer to upstream stagnation and cylinder values, 
respectively. The difference betwe!en Eqs. (8.25) and (8.26) is usually small. With 
the impulse torque meter, characteristic velocity and length scales must also be 
introduced. Several swirl parametc~rs have been defined.22• 2 3 The simplest is 

C = E_ 
s mv0 B (8.27) 

where T is the torque and m the air mass flow rate. The velocity v0 , defined by 
Eq. (8.25) or Eq. (8.26), and the bore have again been used to obtain a dimension­
less coefficient. Note that for solid-body rotation of the fluid within the cylinder 
at the paddle wheel speed wP , Eqs. (8.24) and (8.27) give identical swirl coeffi­
cients. In practice, because the swirling flow is not solid-body rotation and 
because the paddle wheel usually lags the fl.ow due to slip, the impulse torque 
meter gives higher swirl coefficients. 23 When swirl measurements are made in an 
operating engine, a swirl ratio is normally used to define the swirl. It is defined as 
the angular velocity of a solid-body rotating flow ws, which has equal angular 
momentum to the actual flow, divided by the crankshaft angular rotational 
speed: 

w., 
Rs= 2nN (8.28) 

During the induction stroke in an engine the flow and the valve open area, 
and consequently the angular momentum flux into the cylinder, vary with crank 
angle. Whereas in rig tests the flow and valve open area are fixed and the angular 
momentum passes down the cylinder continuously, in the engine intake process 
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the momentum produced under corresponding conditions of flow and valve lift 
remains in the cylinder. Steady-state impulse torque-meter flow rig data can be 
used to estimate engine swirl in the following manner.23 Asswning that the port 
iUld valve retain the same characteristics under the transient conditions of the 
engine as on the steady-flow rig, the equivalent solid•body angular velocity ws at 
the end of the intake process is given by 

OJs = :2 (1:2 

T dH )/(1:2 

m d0) 

where 01 and 02 are crank angles at the start and end of the intake process and 
the torque T and mass flow rate m are evaluated at the valve lift corresponding 
to the local crank angle. Using Eq. (8.27) for T, Eq. (6.11) for m, assuming v0 and 
p are constant throughout the intake process, and introducing volumetric effi­
ciency r,., based on intake manifold conditions via Eq. (2.27), it can be shown that 

Rs= 2:~ = 1t'Ju BL [1:2

(Av CD)Cs d0 ]/[1:2

(Au CD) d0 ]
2 

(8.29) 

where A., CD is the effective valve open area at each crank angle. Note that the 
crank angle in Eq. (8.29) should be in radians. Except for its (weak) dependence 
on tf u, Eq. (8.29) gives R:s independent of operating conditions directly from rig 
test results and engine geometry. 

The relationship between steady-flow rig tests (which are extensively used 
because of their simplicity) and actual engine swirl patterns is not fully under­
stood. Steady-flow tests adequately describe the swirl generating characteristics of 
the intake port and valve (at fixed valve lift) and are used extensively for this 
purpose. However, the swirling flow set up in the cylinder during intake can 
change significantly during compression. 

8.3.2 Swirl Generation during Induction 

Two general approaches are used to create swirl during the induction process. [n 
one, the flow is discharged into the cylinder tangentially toward the cylinder wall, 
where it is deflected sideways and downward in a swirling motion. In the other, 
the swirl is largely generated within the inlet port: the fl.ow is forced to rotate 
about the valve axis before it enters the cylinder. The former type of motion is 
achieved by forcing the flow distribution around the circumference of the inlet 
valve to be nonuniform, so that the inlet flow has a substantial net angular 
momentum about the cylinder axis. The directed port and deflector wall port in 
Fig. 8-13 are two common ways of achieving this result. The directed port brings 
the flow toward the valve opening in the desired tangential direction. Its passage 
is straight, which due to other cylinder head requirements restricts the fl.ow area 
and results in a relatively low discharge coefficient. The deflector wall port uses 
the port inner side wall to force the flow preferentially through the outer periph­
ery of the valve opening, in a tangential direction. Since only one wall is used to 
obtain a directional effect, the port areas are less restrictive. 
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Different types of swirl-generating inlet ports: (a) deflector wall; (b) directed; (c) shallow ramp helical; 
(d) steep ramp helical. 24 

Flow rotation about the cylinder axis can also be generated by masking off 
or shrouding part of the peripheral inlet valve open area, as shown in Fig. 8-14. 
Use is often made of a mask or shroud on the valve in research engines because 
changes can readily be made. In production engines, the added cost and weight, 
problems of distortion, the need to prevent valve rotation, and reduced volu­
metric efficiency make masking the valve an unattractive approach. The more 
practical alternative of building a mask on the cylinder head around part of the 
inlet valve periphery is used in production spark-ignition engines to generate 
swirl. It can easily be incorporated in the cylinder head casting process. 

The second broad approach is to generate swirl within the port, about the 
valve axis, prior to the flow entering the cylinder. Two examples of such helical 
ports are shown in Fig. 8-13. Usu:ally, with helical ports, a higher flow discharge 
coefficient at equivalent levels of swirl is obtained, since the whole periphery of 
the valve open area can be fully utilized. A higher volumetric efficiency results. 
Also, helical ports are less sensitive to position displacements1 such as can occur 
in casting, since the swirl generate:d depends mainly on the port geometry above 
the valve and not the position of the port relative to the cylinder axis. 

Figure 8-15 compares steady-state swirl-rig measurements of examples of 
the ports in Fig. 8-13. The rig swirl number increases with increasing valve lift, 
reflecting the increasing impact of the port shape and decreasing impact of the 
flow restriction between the valve head and seat. Helical ports normally impart 
more angular momentum at medium lifts than do directed ports.23

• 
25 The swirl 
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--

Shrouded Masked 

FIGURE 8-14 
Shrouded inlet valve and masked cylinder head approaches for producing net in-cylinder angular 
momentum. 

ratios for these ports calculated from this rig data using Eqs. (8.27) and (8.29) are: 
2.5 for the directed port, 2.9 for the shallow ramp helical, and 2.6 for the steep 
ramp helical. Vane swirl-meter swirl ratios were about 30 percent less. These 
impulse-swirl-meter derived engine swir1 ratios are within about 20 percent of the 
solid-body rotation rate which has equal angular momentum to that of the cylin­
der charge determined from tangential velocity measurements made within the 
cylinder of an operating engine with the same port, at the end of the induction 
process.23 
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FIGURE 8-15 
Steady-state torque meter swirl measurements of 
directed, shallow ramp, and steep ramp helical ports 
as a function of inlet valve lift/diameter ratio.23 
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Directed and deflector wall ports, and masked valve or head designs 
produce a tangential flow into the cylinder by increasing the flow resistance 
through that part of the valve open area where flow is not desired. A highly 
nonuniform flow through the valve periphery results and the flow into the cylin­
der has a substantial v6 velocity component in the same direction about the cylin­
der axis. ln contrast, heHcal ports produce the swirl in the port upstream of the 
valve, and the velocity components v,., and vz through the valve opening, and v

6 
about the valve axis are approximately uniform around the valve open area. 
Figure 8-16 shows velocity data measured at the valve exit plane in steady.flow 
rig tests with examples of these two types of port. The valve and cylinder wan 
locations are shown. In Fig. 8-16a, the deflector wall of the tangentially oriented 
port effectively prevents any significant flow around half the valve periphery. In 
contrast, iin Fig. 8-16b with the helical port, the air flows into the cylinder around 

(a) (b) 

9/ ----Swirl 
- - - --- Axial 
- • - -- Radial 

1-------i = 50 mis 

FIGURE 8-16 
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Swirl, axial, and radial velocities measured 2 mm from cylinder head around the valve circumfetence 
for (a) tangential deflector-wall port and (b) helical port; magnitude of velocity is given by the distance 
along a radiial line (from valve axis), from valve outline to the respective curve scaled by the reference 
length (examples of radial velocity indicated by two arrows) ; valve lift = 12.8 mm.26• 2 7 
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tJie full valve open area. The radial and axial velocities are essentially uniform 
around the valve periphery. The swirl velocity about the valve ~txis (anticlockwise 
when viewed from above) for this helical port is relatively uniform and is about 
half the magnitude of the radial and axial velocities. 

The swirling air flow within the cylinder of an operating engine is not 
uniform. The velocities generated at the valve at each point in the induction 
process depend on the valve open area and piston velocity. The velocities are 
highest during the first half of the intake process as indicated in Fig. 6-15. Thus, 
the swirl velocities generated during this portion of the induction stroke are 
higher than the swirl generated during the latter half of the strioke : there is swirl 
stratification. Also, the flow pattern close to the cylinder head during induction is 
comparatively disorganized, and not usually close to a solid--body rotation. It 
consists of a system of vortices, created by the high-velocity ta:ngential or spiral­
jog intake jet. Further down the cylinder, the flow pattern is ck>ser to solid-body 
rotation with the swirl velocity increasing with increasing radii.:is.23 • 24 This more 
ordered flow directly above the piston produces higher swirl velocities in that 
region of the cylinder. As the piston velocity decreases during intake, the swirl 
pattern redistributes, with swirl speeds close to the piston de~:reasing and swirl 
speeds in the center of the cylinder increasing.27 Note that the axis of rotation of 
the in-cylinder gases may not exactly coincide with the cylinder axis. 

8.3.3 Swirl Modification within the Cylinder 

The angular momentum of the air which enters the cylinder at each crank angle 
during induction decays throughout the rest of the intake process and during the 
compression process due to friction at the walls and turbulent dissipation within 
the fluid. Typically one-quarter to one-third of the initial moment of momentum 
about the cylinder axis will be lost by top-center at the end of compression. 
However, swirl velocities in the charge can be substantially increased during 
compression by suitable design of the combustion chamber. In many designs of 
direct-injection diesel, air swirl is used to obtain much more rapid mixing 
between the fuel injected into the cylinder and the air than would occur in the 
absence of swirl. The tangential velocity of the swirling air flow set up inside the 
cylinder during induction is substantially increased by forcing most of the air into 
a compact bowl-in-piston combustion chamber, usually centeri~d on the cylinder 
axis, as the piston approaches its top-center position. Neglecting the effects of 
friction, angular momentum is conserved, and as the moment of inertia of the air 
is decreased its angular velocity must increase. 

However, the total angular momentum of the charge within the cylinder 
does decay due to friction at the chamber walls. The angular momentum of the 
cylinder charge r~ changes with time according to the moment of momentum 
conservation equation: 

(8.30) 
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where 11 is the flux of angular momentum into the cylinder and T1 is the torquie 
due to wall friction. At each point in the intake process 11 is given by 

Ji= [ prv9 v • dA 11 (8.31) J... 
where dA11 is an element of the valve open area, as defined in Fig. 8-17. While th1e 
angular momentum entering the cylinder during the intake process is 

i,1 .. i r e. 1 = prv8 • dAI) dt 
lvo Au 

the actual angular momentum within the cylinder at the end of induction will hie 
less, due to wall friction during the intake process. Friction continues through th1e 
compression process so the total charge angular momentum at the end of com­
pression is further reduced. 

There is friction on the cylinder wall, cylinder head, and piston crown 
(including any combustion chamber within the crown). This friction can be esti­
mated with sufficient accuracy using friction formulas developed for flow over a 
flat plate, with suitable definition of characteristic length and velocity scales. Fric­
tion on the cylinder wall can be estimated from the wall shear stress: 

t = ½P( ro2B)
2 

CF (8.32) 

where ro3 is the equivalent solid-body swirl. The friction factor CF is given by th1! 
flat plate formula : 

(8.33) 

where '1. is an empirical constant introduced to allow for differences between th1e 
flat plate and cylinder wall (,l ~ 1.5)28 and ReB is the equivalent of the flat plat,~ 
Reynolds number [Re8 = p(BroJ2X.nB)/µJ . Friction on the cylindrical walls of a 
piston cup or bowl can be obtained from the above expressions with D8, th1: 
bowl diameter, replacing the bore. 

Friction on the cylinder head, piston crown, and piston bowl floor can b,~ 
estimated from expressions similar to Eqs. (8.32) and (8.33). However, since th,~ 

FIGURE 8-17 
Pefinition of symbols in equation for angulrur 
momentum flux into the cylinder [Eq. (8.31)]. 
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tangential velocity v8 at the wall varies with radius, the shear stress should be 
evaluated at each radius and integrated over the surface: e.g.,29 

1:(r) = C 1 ½p[v0(r)]
2 Re - 0•2 (8.34) 

with 
Re= pve(r)r 

µ 

where C1 is an empirical constant (::::: 0.055). An alternative approximate 
approach is to evaluate these components of the wall shear s1tress at the mean 

d. 28 ra 1us. 
Next, consider the effects on swirl of radially inward displacement of the air 

charge during compression. The most common example of 1this phenomenon 
occurs with the bowl-in-piston combustion chamber design of medium- and high­
speed direct-injection diesels (see Sec. 10.2.1). However, in spark-ignition engines 
where swirl is used to increase the burning rate, the shape of the combustion 
chamber close to top-center can also force radially inward motion of the charge. 
For a given swirling in-cylinder flow at the end of induction and neglecting the 
effects of friction, as the moment of inertia of the air about tlne cylinder axis is 
decreased the air's angular velocity must increase to conserve angular momen­
tum. For example, for solid-body rotation of the cylinder air charge of mass me, 
the initial angular momentum r e, 1 and solid-body rotation co3 , j are related at 
bottom-center by 

where le is the moment of inertia of the charge about the cylinder axis. For a 
disc-shaped combustion chamber, le = me B2/8 and is constant. For a bowl-in­
piston combustion chamber, 

m, B2 [(z/hB) + (DB/B)4] 
l e = -8- [(z/hB) + (DB/B)2] 

(8.35) 

where DB and hB are the diameter and depth of the bowl, respectively, and z is the 
distance of the piston crown from the cylinder head, At TC crauk position, z ::::: 0 
and I, ~ mcni;s. At the end of induction, l e ::::: me B2/8. Thus, in the absence of 
friction ws wouJd increase by (B/D8)2, usually a factor of about 4,, 

In an operating engine with this bowl-in-piston chamber design, the 
observed increase in swirl in the bowl is less; it is usually abouit a factor of 2 to 
3. 23

• 25 This is because of wall friction, dissipation in the fluid due to turbulence 
and velocity gradients, and the fact that a fraction of the fluid remains in the 
clearance height above the piston crown. The loss in angular momentum due to 
these effects will vary with geometric details, initial swirl flow pattern, and engine 
speed. 

Swirl velocity distributions in the cylinder at the end of induction show the 
tangential velocity increasing with radius, except close to the cylinder wall where 
friction causes the velocity to decrease. While the velocity distribution is not that 
of a solid-body rotation, depending on port design and operati111g conditions it is 
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often close to solid-body rotation.23
• 

25 Departures from the solid-body velocity 
distribution are greater at higher engine speeds, suggesting that the flow pattern 
in the cylinder at this point in the cycle is still developing with time. 23

• 30 In the 
absence of radially inward gas displacement during compression, the flow pattern 
continues to develop toward a solid-body distribution throughout the compres. 
s1on stroke.25 Swirl ratios of 3 to 5 at top-center can be achieved with the ports 
shown in Fig, 8-13, with flat-topped pistons (i.e., in the absence of any swirl 
amplification during compressiolll). 23

• 
25 

With combustion chambers, where the chamber radius is less than the cylin­
der bore, such as the bowl in piston, the tangential velocity distribution with 
radius will change during compression. Even if the solid-body rotation assump­
tion is reasonable at the end of induction, the profile will distort as gas moves 
into the piston bowl. Neglecting the effects of friction, the angular momentum of 
each fluid element will remain constant as it moves radially inward. Thus the 
increase in tangential velocity of each fluid element as it moves radially inward is 
proportional to the change in the reciproca1 of its radius. Measurements of the 
swirl velocity distribution within the cylinder of bowl-in-piston engine designs 
support this description. The rate of displacement of gas into the bowl depends 
on the bowl volume V8 , cylinder volume V, and piston speed S11 , at that particu­
lar piston position: 

d~:~i = i (~)(~)s,, 
The gas velocity into the bowl will therefore increase rapidly toward the end of 
the compression stroke and reach a maximum just before TC (see Sec. 8.4 where 
this radial " squish" motion is discussed more fully). Thus, there is a rapid 
increase in v6 in the bowl as the ,crank angle approaches TC. The lower layers of 
the bowl rotate slower than the upper layers because that gas entered the bowl 
earlier in the compression proces:s. 23• 25 

Velocity measurements illustrating the development of this radial distribu­
tion in tangential velocity are shown in Fig. 8-18. These measurements were 
made by analysing the motion oif burning carbon particles in the cylinder of an 
operating diesel engine from movies of the combustion process. The figure shows 
the engine geometry and the data compared with a model based on gas displace­
ment and conservation of angular momentum in each element of the charge as it 
is displaced inward. Different swirl velocity profiles exist within and outside the 
bowl as the piston approaches TC. Swirl velocities within the bowl increase as 
TC is approached, roughly as prndicted by the ideal model. Outside the bowl, the 
swirl velocity decreases with increasing radius due to the combined effects of 
friction and inward gas displacement as the clearance height decreases. 

Swirl ratios in bowl-in-pis.ton engine designs of up to about 15 can be 
achieved with D8 ~ 0.5B, at to:p-center. Amplification factors relative to flat­
topped piston swirl are typically about 2.5 to 3, some 30 percent lower than the 
ideal factor of (B/DB)2 given by Eq. (8.35) as z - 0. This difference is due to the 
mass remaining within the clearance height which does not enter the bowl, and 
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Velocity measurements as a function of radius across the combustion chamber of a firing, bowl-in­
piston, direct-injection diesel engine. Schematic shows the chamber geometry. Solid Jines are calcu­
lations based on the assumption of constant angular momentum for fluid elements as they move 
radially inward.31 

the effects of wall friction (enhanced by the higher gas velocities in the bowl). 
Sometimes the bowl axis is offset from the cylinder axis and some additional loss 
in swirl amplification results. 25 

The effect of swirl generation during induction on velocity fluctuations in 
the combustion chamber at the end of compression has been examined. 32 The 
turbulence intensity with swirl was higher than without swirl (with the same 
chamber geometry). Integral scales of the turbulence were smaller wjth swirl than 
without. Cyclic fluctuations in the mean velocity are, apparently, reduced by 
swirl. Also, some studies show that the ensemble-averaged fluctuation intensity 
goes down when swirl is introduced.18 There is evidence that swirl makes the 
turbulence intensity more homogeneous. 30 

8.4 SQUISH 

Squish is the name given to the radially inward or transverse gas motion that 
occurs toward the end of the compression stroke when a portion of the piston 
face and cyHnder head approach each other closely. Figure 8-19 shows how gas is 
thereby displaced into the combustion chamber. Figure 8-19a shows a typical 
wedge-shaped SI engine combustion chamber and Fig. 8-19b shows a bowl-in­
piston diesel combustion chamber. The amount of squish is often defined by the 
percentage squish area: i.e., the percentage of the piston area, 11:B2 /4, which closely 
approaches the cylinder head (the shaded areas in Fig. 8-19). Squish-generated 
gas motion results from using a compact combustion chamber geometry. 

A theoretical squish velocity can be calculated from the instantaneous dis-
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-..... ---
t t 

(a) (b) 

FIGURE 8-19 
Schematics of how piston motion generaites squish: (a) wedge-shaped SI engine combustion chamber; 
(b) bowl-in-piston direct-injection diesel combustion chamber. 

placement of gas across the innc:r edge of the squish region (across the dashed 
lines in the drawings in Fig. 8-20a and b), required to satisfy mass conservation. 
Ignoring the effects of gas dynamics (nonuniform pressure), friction, leakage past 
the piston rings, and heat transfer, expressions for the squish velocity are: 

1. Bowl-in-piston chamber (Fig. 8-20a):33 

~- ~; [ (:J - l] A/: V, (8.36) 

where Vn is the volume of the piston bowl, A, is the cross-sectional area of the 
cylinder (nB2/4), SP is the instantaneous piston speed [Eq. (2.11)], and z is the 
distance between the piston crown top and the cylinder head (z = c + Z, 
where Z = l + a - s; see Fig. 2-1). 

2. Simple wedge chamber (Fig. 8-20b) :34 

~ _ As (l _ Z + C) 
SP - b(Z + c) C + Z 

(8.37) 

where A.s is the squish area, b is the width of the squish region, and C is 
Z/(r, - 1) evaluated at the end of induction. 
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FIGURE 8-20 
(a) Schematic of axi:symmetric bowl-in-piston chamber for Eq. (8.36). (b) Schematic of wedge chamber 
with transverse squish for Eq. (8.37), 

The theoretical squish velocity for a bowl-in-piston engine normalized by 
the mean pistoni speed SP is shown in Fig. 8-21 for different ratios of DBI B and 
clearance heights c. The maximum squish velocity occurs at about 10° before TC. 
After TC, Vsq is negative; a reverse squish motion occurs as gas flows out of the 
bowl into the cl,earance height regjon. Under motored conditions this is equal to 
the forward motion. 

These models omit the effects of gas inertia, friction, gas leakage past the 
piston rings, and heat transfer. Gas inertia and friction effects have been shown to 
be small. The effects of gas leakage past the piston rings and of heat transfer are 
more significant. The squish velocity decrement i\vL due to leakage is proportion­
al to the mean piston speed and a dimensionless leakage number : 

N -A JyRTivc 
L - E, L Nf'4 (8.38) 

where A8 , L is the effective leakage area and 'five is the temperature of the cylin­
der gases at inlc:t valve closing. Leakage was modeled as a choked flow through 
the effective lealkage area. Values of !ivJvsq are shown in Fig. 8-22. The effect of 
leakage on v.q is small for nonnal gas leakage rates. A decrement on squish 
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FIGURE 8-22 
Values of squish velocity decrement due to leakage AvL and heat transfer Av1,, normalized by the 
ideal squish velocity, as a function of crank angle.3 ' 
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FIGURE 8-23 
Comparison of measured squish velocities in bowl-in-piston combustion chambers, with different 
bowl diameter/bore ratios and clearance heights, to calculated ideal squish velocity (solid lines) and 
calculations corrected for leakage and heat transfer (dashed lines). Bore = 85 mm, stroke = 93 mm, 
1500 rev/min.3s 

velocity due to heat transfer, Av8 , has also been derived, using standard engine 
heat-transfer correlations (see Sec. 12.4). Values of Av8 /vsq are also shown in 
Fig. 8-22. Again the effects are small in the region of maximum squish, though 
they become mc,re important as the squish velocity decreases from its maximum 
value as the piston approaches TC. 

Velocity measurements in engines provide good support for the above 
theory. The ide2ll theory adequately predicts the dependence on engine speed.36 

With appropriate corrections for leakage and heat-transfer effects, the above 
theory predicts the effects of the bowl diameter/bore ratio and clearance height 
on squish velocity (see Fig. 8-23). The change in direction of the radial motion as 
the piston move:s through TC has been demonstrated under motored engine con­
ditions. Under firing conditions, the combustion generated gas expansion in the 
open portion of the combustion chamber substantially increases the magnitude of 
the reverse squish motion after TC.37 

8.S PRECHAMBER ENGINE FLOWS 

Small high-speed diesel engines use an auxiliary combustion chamber, or pre­
chamber, to achieve adequate fuel-air mixing rates. The prechamber is connected 
to the main combustion chamber above the piston via a nozzle, passageway, or 
one or more orifices. Flow of air through this restriction into the prechamber 
during the com1pression process sets up high velocities in the prechamber at the 
time the fuel-injection process commences. This results in the required high fuel­
air mixing rates:. Figures 1-21 and 10-2 show examples of these prechamber or 
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indirect-injection diesels. The two most common designs of auxiliary chamber 
are: the swirl chamber (Fig. l0-2a), where the flow through the passageway enters 
the chamber tangentially producing rapid rotation within the chamber, and the 
prechamber (Fig. 10-2b) with one or more connecting orifices designed to 
produce a highly turbulent flow but no ordered motion within the chamber. Aux, 
iliary chambers are sometimes used in spark-ignition engines. The torch-ignition 
three-valve stratified-charge engine (Fig. 1-27) is one such concept. The precham­
ber is used to create a rich mixture in the vicinity of the spark plug to promote 
rapid flame development. An alternative concept uses the prechamber around the 
spark plug to generate turbulenci~ to enhance the early stages of combustion, but 
has no mixture stratification. 

The most critical phase of fllow into the prechamber occurs towards the end 
of compression. While this flow is driven by a pressure difference between the 
main chamber above the piston and the auxiliary chamber, this pressure differ­
ence is small, and the mass flow rate and velocity at the nozzle, orifice, or pas­
sageway can be estimated using a simple gas displacement model. Assuming that 
the gas density throughout tbe cylinder is uniform (an adequate assumption 
toward the end of compression--the most critical period), the mass in the pre­
chamber mp is given by mc(Vp/V), where me is the cylinder mass, V the cylinder 
volume, and VP the prechamber volume. The mass flow rate through the throat of 
the restriction is, therefore, 

. dmp me Vp dV 
m=- = - - - --

dt V2 dt 
(8.39) 

Using the relations dV/dt = -(;rr.B2/4)Sp where SP is the instantaneous piston 
speed, ~ = nB2 L/4, and SP = 2N L, Eq. (8.39) can be written as 

rh ,., ( )( Vp)(S n)( V,)2 

-- = i re - I - ~ -
mcN Y.; SP V 

(8.40) 

where v.; is the clearance volume, SP/SP is given by Eq. (2. I 1), and V/ V, is given by 
Eq. (2.6). The gas velocity at the throat vT can be obtained from 1n via the rela­
tion pv1-AT = m, the density p = mc/V, and Eq. (8.40): 

~T = (,vP)(rcB2 /4)(~)( 11c) 
SP 11c Ar SP V 

(8.41) 

where Ar is the effective cross-sectional area of the throat. The variation of 
m/(mc N) and vr/SP with crank angle during the compression process for values of 
re , Vp/ Yc, and Ar/(n82 /4) typical of a swirl prechamber diesel are shown in 
Fig. 8-24. The velocity reaches its. peak value about 20° before TC: very high gas 
velocities, an order of magnitude or more larger than the mean piston speed, can 
be achieved depending on the relative effective throat area. Note that as the 
piston approaches TC, first the nozzle velocity and then the mass flow rate 
decrease to zero. After TC, in the absence of combustion, an equivalent flow in 
the reverse direction out of prec;hamber would occur. Combustion in the pre-
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FIGURE 8-24 
Velocity and mass flow rate at the prechamber nozzle throat, during compression, for a typical small 
swirl-prcchamber automotive diesel. 

chamber diesel usually starts just before TC, and the pressure in the prechamber 
then rises significantly above the main chamber pressure. The ioutflow from the 
prechamber is then governed by the development of the combustion process, and 
the above simple gas displacement model no longer describes the~ flow. This com­
bustion generated prechamber gas motion is discussed in Sec. 14A.4. 

In prechamber stratified-charge engines, the flow of gas into the precham­
ber during compression is critical to the creation of an appropri~Lte mixture in the 
prechamber at the crank angle when the mixture is ignited. In the concept shown 
in Fig. 1-27, a very rich fuel-air mixture is fed directly to the prechamber during 
intake via the prechamber intake valve, while a lean mixture i8 fed to the main 
chamber via the main intake valve. During compression, the flow into the pre­
chamber reduces the prechamber equivalence ratio to a close-to-stoichiometric 
value at the time of ignition. Figure 8-25 shows a gas displacemc~nt calculation of 
this process and relevant data; the prechamber equivalence ratic>, initially greater 

FIGURE S-25 
Effect of gas flow into the preichamber during com­
pression on the prechamber c:quivalence ratio in a 
three-valve prechamber stra.tified-charge engine. 
Calculations based on gas dis1placement model.38 
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Calculations of developing ftow field in (two-dimensional) swirl prechamber during compression 
process. Lines are instantaneous flow streamlines, analogous to streak phc,tographs oftlow field.4 1 

than 3, is leaned out to unity as mass flows through the orifice into the precham­
ber (whose volume is 8.75 percent of the clearance volume).38 Charts for estimat­
ing the final equivalence ratio, based on gas displaceme11lt, for this prechamber 
concept are available. 39 

The velocity field set up inside the prechamber during compression is 
strongly dependent on the details of the nozzle and prech:amber geometry. Velo­
cities vary linearly with mean piston speed.40 In swirl prechambers, the nozzle 
flow sets up a vortex within the chamber. Figure 8-26 shows calculations of this 
developing flow field; instantaneous flow streamlines haV'e been drawn in~ with 
the length of the streamlines indicating how the particles of fluid move relative to 
each other.41 The velocities increase with increasing crank. angle as the compres­
sion process proceeds, and reach a maximum at about 20° before TC. Then, as 
the piston approaches TC and the flow through the passageway decreases to 
zero, the vortex in the swirl chamber expands to fill the enltire chamber and mean 
velocities decay. Very high swirl rates can be achieved just. before TC: local swirl 
ratios of up to 60 at intermediate radii and up to 20 at the outer radius have been 
measured. These high swirl rates produce large centrifugal :accelerations. 

8.6 CREVICE FLOWS AND BLOWBY 

The engine combustion chamber is connected to several small volumes usually 
called crevices because of their narrow entrances. Gas flows into and out of these 
volumes during the engine operating cycle as the cylinder pressure changes. 
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The larges:t crevices are the volumes between the piston, piston rings, and 
cylinder wall. Some gas flows out of these regions into the crankcase; it is called 
bfowby. Other crevice volumes in production engines are the threads around the 
spark plug, the space around the plug center electrode, the gap around the fuel 
injector, crevice:s between the intake and exhaust valve heads and cylinder head, 
and the head gasket cutout. Table 8.1 shows the size and relative importance of 
these crevice regions in one cylinder of a production V-6 spark-ignition engine 
determined from measurements of cold-engine components. Total crevice volume 
is a few percent of the clearance volume, and the piston and ring crevices are the 
dominant contributors. When the engine is warmed up, dimensions and crevice 
volumes will change. 

The impoirtant crevice processes occurring during the engine cycle are the 
following. As the cylinder pressure rises during compression, unburned mixture 
or air is forced foto each crevice region. Since these volumes are thin they have a 
large surface/volume ratio; the gas flowing into the crevice cools by heat transfer 
to close to the wall temperature. During combustion while the pressure continues 
to rise. unburned mixture or air, depending on engine type, continues to flow into 
these crevice vo,Iumes. After flame arrival at the crevice entrance, burned gases 
will flow into ealch crevice until the cylinder pressure starts to decrease. Once the 
crevice gas pres!rnre is higher than the cylinder pressure, gas flows back from each 
crevice into the ,cylinder. 

The volumes between the piston, piston rings, and cylinder wall are shown 
schematically in Fig. 8-27. These crevices consist of a series of volumes 
(numbered 1 to 5) connected by flow restrictions such as the ring side clearance 
and ring gap. The geometry changes as each ring moves up and down in its ring 
groove, sealing either at the top or bottom ring surface. The gas flow, pressure 
distribution, and ring motion are therefore coupled. Figure 8-28 illustrates this 
behavior: pressure distributions, ring motion, and mass fl.ow of gas into and out 

TABLE 8.1 

V-6 engine crevice dataf42 

cm3 % 

Displaced volume per cylinder 632 
Clearance volume per cylinder 89 100 

Volume above first ring 0.93 1.05 
Volume behind first ring 0.47 0.52 
Volume between rings 0.68 0.77 
Volume behind second ring 0.47 0.52 
Total ring crevice ·volume 2.55 2.9 
Spark plug thread crevice 0.25 0.28 
Head gasket crevice 0.3 0.34 

Total crevice volurne 3.1 3.5 

t Determined for cold engine. 
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Schematic of piston and ring assembly in automotive spark-ignition engine. 

of the regions defined by planes a, b, c, d, and through th1~ ring gap g are plotted 
versus crank angle through compression and expansion. lrhese results come from 
an analysis of these regions as volumes connected by passageways, with a pre­
scribed cylinder pressure versus crank angle profile coupled with a dynamic 
model for ring motion, and assuming that the gas temperature equals the wall 
temperature.42 During compression and combustion, the rings are forced to the 
groove lower surfaces and mass flows into all the volumes in this total crevice 
region. The pressure above and behind tbe first ring is essentially the same as the 
cylinder pressure; there is a substantial pressure drop acr-oss each ring, however. 
Once the cylinder pressure starts to decrease (after 15° ATC) gas flows out of 
regions 1 and 2 in Fig. 8-27 into the cylinder, but continues to flow into regions 3, 
4, and 5 until the pressure in the cylinder falls below the pressure beneath the top 
ring. The top ring then shifts to seal with the upper grove surface and gas flows 
out of regions 2, 3, and 4 (which now have the same pressure), both into the 
cylinder and as blowby into the crackcase. Some 5 to 10 percent of the total 
cylinder charge is trapped in these regions at the time of peak cylinder pressure. 
Most of this gas returns to the cylinder; about 1 percent goes to the crankcase as 
blowby. The gas flow back into the cylinder continues throughout the expansion 
process. In spark-ignition engines this phenomenon is a major contributor to 
unburned hydrocarbon emissions (see Sec. 11.4.3). In alll engines it results in a 
loss of power and efficiency. 

There is substantial experimental evidence to suppo1rt the above description 
of flow in the piston ring crevice region. In a special square-cross-section flow 
visualization engine, both the low-velocity gas expansion out of the volume 
above the first ring after the time of peak pressure and the jet-like flows through 
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(a) Pressures in the combustion chamber (1), in region behind top ring (2), in region between rings (3), 
and behind second ring (4) ; (h) relative position of top and second rings ; (c) percentage of total 
cylh,der mass that flows into and out of the different crevice regions across planes a, b, c, and d and 
through the ring gap g in Fig. 8-27, and the percentage of mass trapped beneath these planes, as a 
function of crank angle. Automotive spark-ignition engine at wide-open throttle and 2000 rev/min.42 

the top ring gap later in the expansion process when the pressure difference 
across the ring changes sign have been observed. Figure 8-29 shows these flows 
with explanatory schematics. 

Blowby is defined as the gas that flows from the combustion chamber past 
the piston rings and into the crankcase. It is forced through any leakage paths 
afforded by the piston-bore-ring assembly in response to combustion chamber 
pressure. If there is good contact between the compression rings and the bore, 
and the rings and the bottom of the grooves, then the only leakage path of 
consequence is the ring gap. Blowby of gases from the cylinder to the crankcase 
removes gas from these crevice regions and thereby prevents some of the crevice 
gases from returning to the cylinder. Crankcase blowby gases used to be vented 
directly to the atmosphere and constituted a significant source of RC emissions. 
The crankcase is now vented to the engine intake system and the blowby gases 
are recycled. Blowby at a given speed and load is controlled primarily by the 
greatest flow resistance jn the now path between the cylinder and the crankcase. 
This is the smallest of the compression ring ring-gap areas. Figure 8-30 shows 
how measured blowby flow rates increase linearly with the smallest gap area.43 
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(a) 

FIGURE 8-29 
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Schlieren photographs of the flow out of the piston-cylinder wall crevices during the expansion 
stroke. A production piston was inserted into the square cross-section piston of the visualization 
engine. Gas flows at low velocity out of the crevice entrance all around the production piston circum­
ference once the cylinder pressure starts decreasing early in the expansion stroke. Gas flows out of the 
ring gap as a jet once the pressure above the ring falls below the pressure beneath the ring.42 
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caJculations of blowby based on the model described earlier are in good agree­
,nent.•i Extrapolation back to the zero gap area gives nearly Zf:ro blowby. Note, 
however, that if the bore finish js rough, or if the rings do not contact the bore all 
around. or if the compression rings lift off the bottom of the ~:roove, this linear 
relationship may no longer hold. 

8.7 FLOWS GENERATED BY 
pJSTON-CYLINDER WALL INTERACTION 

Because a boundary layer exists on the cylinder wall, the motion of the piston 
generates unusual flow p~ttern~ in th~ corner formed by the cylinde~ wall and the 
piston face. When the piston 1s movmg away from top-center a smk-type flow 
occurs. When the piston moves toward top-center a vortex flow is generated. 
Figure 8-31 shows schematics of these flows (in a coordinat1e frame with the 
piston face at rest). The vortex flow has been studied because o•f its effect on gas 
motion at the time of igrution and because it has been suggested as a mechanism 
for removing hydrocarbons off the cylinder wall during the el(haust stroke (see 
Sec. 11.4.3). 

The vortex ftow has been studied in cylinders with water as the fluid over 
the range of Reynolds numbers typical of engine operation.44• ·'-5 Laminar, tran­
sition, and turbulent flow regimes have been identified. It bas been shown that a 
quasi-steady flow assumption is valid and that 

A.,,. =f(vwL) 
J3 V 

where Av is the vortex area (area inside the dashed line in Fig. 8-31), L is the 
stroke, vw is the wall velocity in piston stationary coordinat(is (vw = SP in the 
engine), vis the kinematic viscosity, and (v.., L/v) is a Reynolds number. 

(a) 

FIGURE 8-31 

~ 

-shear area 

l\---Vortex area 

1)__ Entrained area 

Boundary layer 

Schematics of the ftow pattern set up in the piston fac:e-cylinder wall come:r, in piston-stationary 
coordinates, due to the boundary layer on the cylinder wall. Piston crown 011 left; cylinder wall at 
bottom. (a) Sink flow set up during intake and expansion; (b) vortex flow set u1p during compression 
and e~haust.'" Arrow shows cylinder wall velocity relative to piston. 
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For the laminar flow regime, a good assumption is that Ay is proportion, 
1 

to the shear area in the vOJrtex (shown cross-hatched), which equals t: 
boundary-layer area; this can hie estimated from boundary-layer theory. In the 
turbulent flow regime, an entrainment theory was used, which assumed that the 
rate of change of vortex area was proportional to the product of the expose: 
perimeter of the vortex and the: velocity difference between the vortex and the 
stationary fluid ( ~ vw)· The relevant relationships are: 

_Av __ (Vw L)- l /l 
For (vwL/v)::;; 2 x 104

: I3 v (8.42a) 

:,;; = 0.006 (8.42b) 

Figure 8-32 shows these two theories correlated against hydraulic analog data. 
These theories are for constant values of v. During compression, v decreases 

substantially as the gas temperature and pressure increase (v decreases by a factor 
of 4 for a compression ratio of :8). This will decrease the size of the vortex until 
the turbulent regime is reached. ]During the exhaust stroke following blowdown, v 
will remain approximately constant as the pressure and temperature do not 
change significantly. Typical pairameter values at 1500 rev/min are: SP= 5 m/s, 
L = 0.1 m; average values of v are 1.2 x 10- 5 and 1.4 x 10- 4 m2/s for compres­
sion and exhaust stroke, respectively. Hence a Reynolds number for the compres­
sion stroke is 4 x 104, Av/L2 ~ 0.006, and the vortex diameter dv ~ 0.09L. For 
the exhaust stroke, the Reynolds number is 4 x 103

, Av/L2 ~ 0.015, and dv ~ 
0.14L. Thus the vortex dimensions at the end of the upward stroke of the piston 
are comparable to the engine cle:arance height. 

Stable Turbulent 

0.002 .....__ _ _._____,_____,__.._......._......_._.__....__.........___.__._.._._._...... _ _, 
1()3 

FIGURE 8-32 

104 
V L 

Reynolds number -}-

1()5 

Ratio of area of vortex in piston face--cylinder wall corner to square of stroke, as a function of 
Reynolds number based on piston velocilty, for piston moving toward the cylinder head.44 

Page 398 of 966



CHARGE MOTION WITHIN THE CYLINDER 367 

20° BTC 

60° BTC 

FIGURE 8-33 
schlieren photographs of in-cylinder flow during later stages of exhaust stroke. Growing vortex in the 
piston face-cylinder walJ corner and turbulent outflow toward the valve are apparent at 60° BTC. At 
20° BTC. the vortex has grown to of order 0.2B diameter,42 

This vortex flow bas been observed in an operating engine. Figure 8-33 
shows schlieren photographs taken during the exhaust stroke in a special square­
cross-section flow visualization spark-ignition engine. The accompanying sche­
matic identifies the vortex structure which is visible in the photo because the cool 
boundary-layer gas is being scraped off the cylinder wall by the upward-moving 
piston and " rolled up." The vortex diameter as the piston approaches TC is 
about 20 percent of the bore. 

PROBLEMS 

8.1. (a) Estimate the ratio of the maximum gas velocity in the center of the hollow cone 
inlet jet to the mean piston speed from the data in Fig. 8-1. 

(b) Compare this ratio with the ratio of inlet valve pseudo flow velocity determined 
from Fig. 6-15 to the mean piston speed at the same crank angle. The engine is 
that of Fig. 1-4. 

(c) Are the engine velocity data in (a) consistent with the velocity calculated from the 
simple piston displacement model of (b)? Explain. 

8.2. Given the relationship between turbulence intensity and mean piston speed [Eq. 
(8.23)] and that the turbulence integral scale is ~ 0.2 x clearance height, use Eqs. 
(8.14) and (8.15) to estimate the following quantities for a spark-i,gnition engine with 
bore= stroke= 86 mm, re = 9, at 1000 and 5000 rev/min and wide-open throttle: 
(a) Mean and maximum piston speed, maximum gas velocity through the inlet valve 

(see Prob. 8.1) 
(b) Turbulence intensity, integral length scale, micro length scale, and Kolmogorov 

length scale, all at TC 
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8.3. The swirl ratio at the end of induction at 2000 rev/min in a direct-injection diesel 
engine of bore = stroke= 100 mm is 4.0. What is the a.verage tangential velocity 
(evaluated at the inlet va1v~axis radial location) required to give this swirl ratio? 
What is the ratio of this velocity to the mean piston s~:ed and to the mean flow 
velocity through the inJet valve estimated from the ave1rage valve open area and 
open time? 

8.4. (a) Derive a relationship for the depth (or height) hs of a disc-shaped bowl~in-piston 
direct-injection diesel engine combustion chamber in terms of cornpression ratio 
re, bore B, stroke L, bowl diameter Ds , and top-cenuir cylinder~head to piston. 
crown clearance c. For B = L = 100 mm, r, = 16, Ds := 0.5B, c = 1 mm find the 
fraction of the air charge within the bowl at TC. 

{b) If the swirl ratio at the end of induction at 2500 rev/n1in is 3 find the swirl ratio 
and average angular velocity in the bowl-in-piston chamber of dimensions given 
above. AssU{,lle the swirling flow is always a soJid-body rotation. Compare the 
tangential velocity at the bowl edge with the mean piston speed. Neglect any 
friction eff e9ts. 

(c) What would the swirl ratio be if the top-center clearanc:e height was zero? 

8.5. Using Eq. (8.37) and Fig. 8-20b plot the squish velocity divided by the mean piston 
speed at 10° BTC (the approximate location of the maximum) as a function of squish 
area expressed as a percentage of the cylinder cross section, AJ(1tB2/4) x 100, from 
50 to 0 percent. re = 10, c/B = 0.01, B/ L = 1, R = l/a = 3,S;. 

8.6. Figure 8-24 shows the velocity at the prechamber nozzle jthroat during compression 
for dimensions typical of a small swirl chamber indirect-injection diesel. Assuming 
that the swirl chamber shape is a disc of height equal to the diameter, that the nozzle 
throat is at 0.8 x prechamber radius, and that the flow enters the prechamber 
tangentially, estimate the swirl ratio based on the total angular momentum about 
the swirl chamber axis in the prechamber at top-center. Assume B = L; neglect fric­
tion. 

8.7. The total crevice volume in an automobile spark-ignition engine is about 3 percent 
of the clearance volume. If the gas in these crevice region1s is close to the wall tem­
perature (450 K) and at the cylinder pressure, estimate tloe fraction of the cylinder 
mass within these crevice regions at these crank angles: inlet valve closing (50° ABC), 
spark discharge (30° BTC), maximum cylinder pressure (15° ATC), exhaust valve 
opening {60° BBC), TC of the exhaust stroke. Use the illlformation in Fig. 1-8 for 
your input data, and assume the inlet pressure is 0.67 atm. 
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CI-IAPTER 

9 
COMBUS1['10N IN 
SPARK-IGrNITION 

E~NGINES 

9.1 ESSENTIAL FEATURES OF PROCESS 

In a conventional spark-ignition engine the fuel and air are mixe:d together in the 
intake system, inducted through the intake valve into the cylinder, where mixing 
with residual gas takes place, and then compressed, Under n1onnal operating 
conditions, combustion is initiated towards the end of the compression stroke at 
the spark plug by an electric discharge. Following inflamma1tion, a turbulent 
flame develops, propagates through this essentially premixed fuel, air, burned gas 
mixture until it reaches the combustion chamber walls, and tlhen extinguishes. 
Photographs of this process taken in operating engines illustratti its essential fea­
tures. Figure 9-1 (color plate) shows a sequence of frames from a high-speed color 
movie of the combustion process in a special single-cylinder engine with a glass 
piston crown. 1 The spark discharge is at - 30°. The flame first becomes visible in 
the photos at about -24°. The flame, approximately circular 11n outline in this 

FIGURE 9-1 (On color plate opposite p, 498) 
Color photographs from high-speed movie of spark-ignition engine combustion process, taken 
through glass piston crown. Ignition timing 30° BTC, light load, 1430 rev/min, (AI/F) = 19.1 

371 
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view through the piston, then propagates outward from the spark plug location 
The blue light from the flame is emitted most strongly from the front. The irregu~ 
lar shape of the turbulent flame front is apparent. At TC the flame diameter is 
about two-thirds of the cylinder bore. The flame reaches lthe cylinder wall farthest 
from the spark plug about 15° ATC, but combustion ca1ntinues around parts of 
the chamber periphery for another 10°. At about 10° ATC, additional radiation­
initially white, turning to pinky-orange--centered at th1e spark plug location is 
evident. This afterglow comes from the gases behind t:he flame which burned 
earlier in the combustion process, as these are compressed to the highest tem­
peratures attained within the cylinder (at about 15° ATC) while the rest of the 
charge burns. 2 • 

3 

Additional features of the combustion process are ,~vident from the data in 
Fig. 9-2, taken from several consecutive cycles of an operating spark-ignition 
engine. The cylinder pressure, fraction of the charge mass which has burned 
(determined from the pressure data, see Sec. 9.2), and fraction of the cylinder 
volume enfiamed by the front (determined from photo~~raphs like Fig. 9-1) are 
shown, all as a function of crank angle.4 Following spark discharge, there is a 
period during which the energy release from the developing flame is too small for 
the pressure rise due to combustion to be discerned. As the flame continues to 
grow and propagate across the combustion chamber, the pressure then steadily 
rises above the value it would have in the absence of combustion. The pressure 
reaches a maximum after TC but before the cylinder charge is fully burned, and 
then decreases as the cylinder volume continues to increase during the remainder 
of the expansion stroke. 

The flame development and subsequent propagation obviously vary, cycle• 
by-cycle, since the shape of the pressure, volume fractiion enflamed, and mass 
fraction burned curves for each cycle differ significantly. This is because flame 
growth depends on local mixture motion and composition. These quantities vary 
in successive cycles in any given cylinder and may v1ary cylinder-to-cylinder. 
Especially significant are mixture motion and composition in the vicinity of the 
spark plug at the time of spark discharge since these govern the early stages of 
flame development. Cycle-by-cycle and cylinder-to-cylinder variations in com­
bustion are important because the extreme cycles limit the operating regime of 
the engine (see Sec. 9.4.1). 

Note that the volume fraction enflamed curves rise more steeply than the 
mass fraction burned curves. In large part1 this is bec:ause the density of the 
unburned mixture ahead of the flame is about four t:imes the density of the 
burned gases behind the flam~. Also, there is some unburned mixture behind the 
visible front to the flame: even when the entire combustion chamber is fully 
enflamed, some 25 percent of the mass has still to burn. From this description it 
is plausible to divide the combustion process into four distinct phases: (1) spark 
ignition; (2) early flame development; (3) flame propagation ; and (4) flame termi­
nation. Our understanding of each of these phases wm be developed in the 
remainder of this chapter. 

The combustion event must be properly located 1relative to top-center to 
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Cylinder pressure, mass fraction burned, and volume fraction enftamed for five c:onsecutive cycles in a 
spark-ignition engine as a runction of crank angle. Ignition tittling 30° BTC, wide-open throttle, 1044 
rev/min, <j, = 0.98.4 
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obtain the maximum power or torque. The combined duration of the flam 
development and propagation process is typically between 30 and 90 crank angl: 
degrees. Combustion starts before the end of the compression stroke, continues 
through the early part of the expansion stroke, and ends after the point in ,the 
cycle at which the peak cylinder pressure occurs. The pressure versus crank angle 
curves shown in Fig. 9-3a allow us to understand why engine torque (at given 
engine speed and intake manifold conditions) varies as spark timing is varied 
relative to TC. If the start of the combustion process is progressively advanced 
before: TC, the compression stroke work transfer (which is from the piston to 1the 
cylinder gases) increases. If the end of the combustion process is progressively 
delayed by retarding the spark timing, the peak cylinder pressure occurs later in 
the expansion stroke and is reduced in magnitude. These changes reduce 1the 
expansion stroke work transfer from the cylinder gases to the piston. The 
optimum timing which gives the maximum brake torque-called maximum brake 
torque, or MBT, timing-occurs when the magnitudes of these two opposiing 
trends: just offset each other. Timing which is advanced or retarded from this 
optimum gives lower torque. The optimum spark setting will depend on the rate 
of flame development and propagation, the length of the flame travel path acrioss 
the co,mbustion chamber, and the details of the flame termination process afte;r it 
reaches the wall. These depend on engine design and operating conditions, and 
the properties of the fuel, air, burned gas mixture. Figure 9-3b shows the effect of 
variations in spark timing on brake torque for a typical spark-ignition engine. 
The maximum is quite flat. 

3 

_... 
0 L..... _ _.___.._....,__. _ _.______._~~ 

-60 -40 -20 TC 20 40 60 80 100 
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(a) Cyli1ndcr pressure versus crank angle for overadvanced spark timing (50°), MBT timing (30°), ;md 
retarded timing (10°). (b) Effect of spark advance on brake torque at constant speed and (A/F}, at 
wide-open throttle. MBT is maximum brake torque timing.5 
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Empirical rules for relating the mass burning profile and maximum cylinder 
pressure to crank angle at MBT timing are often used. For example, with 
optimum spark timing: (1) the maximum pressure occurs at about 16° after TC; 
(Z) half the charge is burned at about 10° after TC. In practice, the spark is often 
retarded to give a 1 or 2 percent reduction in brake torque from the maximum 
value, to permit a more precise definition of timing relative to the optimum. 

So far we have described normal combustion in which the spark-ignited 
flame moves steadily across the combustion chamber until the charge is fully 
copsumed. However, several factors-e.g., fuel composition, certain engine design 
and operating parameters, and combustion chamber deposits- may prevent this 
normal combustion process from occurring. Two types of abnormal combustion 
have been identified: knock and surface ignition. 

Knock is the most important abnormal combustion phenomenon. Its name 
comes from the noise that results from the autoignition of a portion of the fuel, 
air, residual gas mixture ahead of the advancing flame. As the flame propagates 
across the combustion chamber, the unburned mixture ahead of the flame­
caUed the end gas--is compressed, causing its pressure, temperature, and density 
to increase. Some of the end-gas fuel-air mixture may undergo chemical reactions 
prior to normal combustion. The products of these reactions may then autoig­
nite: i.e., spontaneously and rapidly release a large part or all of their chemical 
energy. When this happens, the end gas burns very rapidly, releasing its energy at 
a rate 5 to 25 times that characteristic of normal combustion. This causes high­
frequency pressure oscillations inside the cylinder that produce the sharp metallic 
noise called knock. 

The presence or absence of knock reflects the outcome of a race between 
the advancing flame front and the precombustion reactions in the unburned end 
gas. Knock will not occur if the flame front consumes the end gas before these 
reactions have time to cause the fuel-air mixture to autoignite. Knock will occur 
if the precombustion reactions produce autoignition before the flame front 
arrives. 

The other important abnormal combustion phenomenon is surface ignition. 
Surface ignition is ignition of the fuel-air charge by overheated valves or spark 
plugs, by glowing combustion-chamber deposits, or by any other hot spot -in the 
engine combustion chamber: it is ignition by any source other than normal spark 
ignition. It may occur before the spark plug ignites the charge (preignition) or 
after normal ignition (postignition). It may produce a single flame or many 
flames. Uncontrolled combustion is most evident and its effects most severe when 
it results from preignition. However, even when surface ignition occurs after the 
spark plug fires (postignition), the spark discharge no longer has complete 
control of the combustion process. 

Surface ignition may result in knock. Knock which occurs following normal 
spark ignition is called spark knock to distinguish it from knock which bas been 
preceded by surface ignition. Abnormal combustion phenomena are reviewed in 
more detail in Sec. 9.6. 
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9.2 THERMODYNAMIC ANALYSIS OF 
SI ENGINE COMBUSTIO:N 

9.2.1 Burned and Unburned Mixture States 

Because combustion occurs through a flame propagation process, the changes in 
state and the motion of the unburned and burned gas are much more complex 
than the ideal cycle analysis in Chapter 5 suggests. The gas pressure, temperature 
and density change as a result of changes in volume due to piston motion: 
During combustion, the cylinder pressure increases due to the release of the fuel's 
chemical energy. As each elemerat of fuel-air mixture burns, its density decreases 
by about a factor of four. This i:ombustion-produced gas expansion compresses 
the unburned mixture ahead of the flame and displaces it toward the combustion 
chamber walls. The combustion-produced gas expansion also compresses those 
parts of the charge which have already burned, and displaces them back toward 
the spark plug. During the combustion process, the unburned gas elements move 
away from the spark plug; following combustion, individual gas elements move 
back toward the spark plug. Ft1rther, elements of the unburned mixture which 
burn at different times have different pressures and temperatures just prior to 
combustion, and therefore end lllP at different states after combustion. The ther­
modynamic state and composition of the burned gas is, therefore, non-unifonn. A 
first law analysis of the spark-i~~ition engine combustion process enables us to 
quantify these gas states. 

Consider the schematic of the engine cylinder while combustion is in 
progress, shown in Fig. 9-4. Work transfer occurs between the cylinder gases and 
the piston (to the gas before TC; to the piston after TC). Heat transfer occurs to 
the chamber walls, primarily frnm the burned gases. At the temperatures and 
pressures typical of spark-igniti1on engines it is a reasonable approximation to 
assume that the volume of the reaction zone where combustion is actually 
occurring is a negligible fraction of the chamber volume even though the thick­
ness of the turbulent flame may not be negligible compared with the chamber 
dimensions (see Sec. 9.3.2). With normal engine operation, at any point in time or 
crank angle, the pressure throughout the cylinder is close to uniform. The condi• 

FIGURE M 
Schematic of ftame in the engine cylinder during 
combustion: unburned gas (U) to left of flame, 
burned gas to right. A denotes adiabatic burned-gas 
core, BL denotes thermal boundary layer in burned 
gas, W is work-transfer rate to piston, Q is heat­
transfer rate to chamber walls. 
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tions in the burned and unburned gas are then determined by conservation of 

111ass: 

V i-"b 11 - = vb dx + Vu dx 
m O l<b 

(9.1) 

and conservation of energy: 

(9.2) 

where V is the cylinder volume, m is the mass of the cylinder contents, v is the 
specific volume, xb is the mass fraction burned, U O is the internal energy of the 
cylinder contents at some reference point 00 , u is the specific internal energy, W 
is the work done on the piston, and Q is the heat transfer to the walls. The 
subscripts u and b denote unburned and burned gas properties, respectjvely. The 
work and heat transfers are 

W = f.v p dV' 
Yo 

(9.3) 

where Q is the instantaneous heat-transfer rate to the chamber walls. 
To proceed further, models for the thermodynamic properties of the burned 

and unburned gases are required. Several categories of models are described in 
Chap. 4. Accurate calculations of the state of the cylinder gases require an equi­
librium model ( or good approximation to it) for the burned gas and an ideal gas 
mixture model (of frozen composition) for the unburned gas (see Table 4.2). 
However, useful illustrative results can be obtained by assuming that the burned 
and unburned gases are different ideal gases, each with constant specific heats ;6 

i.e., 

pvb =Rb~ 

PVu =Ru¾ 

Combining Eqs. (9.1) to (9.5) gives 

and 

where 

ub = c 11,b ~ + h1 ,b 

Uu = c.,,u Tu+ h/,u 

(9.4) 

(9.5) 

(9.6) 

(9.7) 
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are the mean temperatures of the burned and unburned gases. Equations (9.6) 
and (9.7) may now be solved to obtain 

(9.8) 

and (9.9) 

If we now assume the unburned gas js jnitially uniform and undergoes isen­
tropic compression, then 

(9.10) 

This equation, with Eqs. (9.8) and (9.9) enables determination of both xb and Tb 

from the thermodynamic prope:rties of the burned and unburned gases, and 
known values of p, V, m, and iQ. Alternatively, if xb is known then p can be 
determined. Mass fraction burned and cylinder gas pressure are uniquely related. 

While Eq. (9.9) defines a mean burned gas temperature, the burned gas is 
not uniform. Mixture which burns early in the combustion process is further 
compressed after combustion as the remainder of the charge is burned. Mixture 
which burns late in the combus1tion process is compressed prior to combustion 
and, therefore, ends up at a different final state. A temperature gradient exists 
across the burned gas with the: earlier burning portions at the higher tem­
perature. 7 • 8 Two limiting mode:ls bracket what occurs in practice: (1) a fully 
mixed model, where it is assumed that each element of mixture which burns 
mixes instantaneously with the already burned gases (which therefore have a 
uniform temperature), and (2) an unmixed model, where it is assumed that no 
mixing occurs between gas elements which burn at different times. 

In the fully mixed model the burned gas is uniform, r;, = 1';, , and the equa­
tions given above fully define the state of the cylinder contents. In the unmixed 
model, the assumption is made that no mixing occurs between gas elements that 
burn at different times, and eacl~ burned gas element is therefore isentropically 
compressed (and eventually expanded) after combustion. t Thus: 

(9.11) 

t T his model applies to burned gas regions of the chamber away from the walls. Heal transfer to the 
walls results in a thermal boundary layer on the walls which grows with time. The gas in the bound­
ary layer is not isentropically compressed and expanded. 
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FIGURE 9-5 
Cylinder pressure, mass fraction burned, 
and gas temperatures as functions of 
crank angle during combustion. T,, is 
unburned gas temperature, 7;, is burned 
gas temperature, the subscripts e and I 
denole early and late burning gas ele­
ments, and f;, is the mean burned gas 
temperature.9 (Reprinted with per­
mis!iion. Copyright 1973, American 
Chemical Society.) 

where T,,(x~ , xb) is the temperature of the element which burned at the pressure 
p(x11) when the pressure is p(xb), and 

T,,(x;,) = hf,u - hf.b + cp,u T,,(xb) 
Cp,b 

(9.12) 

is the temperature resulting from isenthalpic combustion of the unburned gas at 
T.,(x~), p(x~). An example of the temperature distribution computed with this 
model is shown in Fig. 9-5. A mixture element that burns right at the start of the 
combustion proicess reaches, in the absence of mixing, a peak temperature after 
combustion about 400 K higher than an element that burns toward the end of 
the combustion process. The mean burned gas temperature is closer to the lower 
of these temperatures. These two models approximate respectively to situations 
where the time scale that characterizes the turbulent mixing process in the 
burned gases is (1) much less than the overall burning time (for the fully mixed 
model) or (2) mlilch longer than the overaU burning time (for the unmixed model). 
The real situation Ues in between. 

Measurements of burned gas temperatures have been made in engines using 
spectroscopic techniques through quartz windows in the cylinder head. Examples 
of measured temperatures are shown in Fig. 9-6. The solid lines marked A, B, and 
C are the burned gas temperatures measured by Rassweiler and Withrow 7 using 
the sodium line reversal technique in an L-head engine, for the spark plug end 
(A), the middle (B), and the opposite end (C) of the chamber, respectively. Curves 
labeled W2 and 1W3 were measured by Lavoie8 through two different windows, W2 

and W3 (with ·w2 closer to the spark), again in an L-head engine. Each set of 
ex:perimentaJ temperatures shows a temperature gradient across the burned gas 
comparable to that predicted, and the two sets have similar shapes. 
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FIGURE 9-6 
Burned gas temperatures measured using spec­
troscopic techniques through windows in the 
cylinder head, as a function of cylinder pressure. 
Temperatures measured closer to spark plug 
have higher values. Dashed lines show isentropio 
behavior.7• 

8 

In the unmixed model, the temperature of each burned gas element follows 
a different isentropic line as it is first compressed as p increases to Pmax and then 
expanded as the pressure falls after Pmax . The measured temperature curves in 
Fig. 9-6 do not follow the calculated isentropes because of gas motion past the 
observation ports. As has alre;idy been mentioned, the expansion of a gas 
element which occurs during combustion compresses the gas ahead of the flame 
and moves it away from the spark plug. At the same time, previously burned gas 
is compressed and moved back te>ward the spark plug. Defining this motion in an 
engine requires sophisticated fl,ow models, because the combustion chamber 
shape is rarely symmetrical, the spark plug is not usually centrally located, and 
often there is a balk gas motion at the time combustion is initiated. However, the 
gas motion in a spherical or cyliindrical combustion bomb with central ignition 
which can readily be computed illustrates the features of the combustion-induced 
motion in an engine. Figure 9-7 shows calculated particle trajectories for a stoi­
chiometric methane-air mixture,, initially at ambient conditions, as a laminar 

.i 0.8 

10.6 

1 0.4 
~ 

0.2 

o~_..,_ _ _._ _ _.__ ~.___, 1 
0 0.2 0.4 0.6 0.8 1,.0 

Normalized radius 

FIGURE 9-7 
Particle trajectories in unburned and burned gas 
as flame propagates outward at constant velocity 
from the center of a spherical combustion bomb. 
Stoichiometric methane-air mixture initially at 1 
atm and 300 K. 
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fl me with a coinstant burning velocity propagates outward from the center of a 
;berical contai1ner. Applying this gas motion model to an engine, it can be con­

~tuded that a window in the cylinder head initially views earlier burned gas (of 
higher tempera1~e and entropy) and that as more of the charge burns, the 
window views later burned gas of progressively lower entropy. The experimental 
curves fit this cllescription: they cross the constant entropy lines toward lower 
entropy. Note that the gradient in temperature persists well into the expansion 
stroke, indicatilltg that the "unmixed " model is closer to reality than the "fully 
rnixed '' model. 

More acc1uate calculations relating the mass fraction burned, gas pressure, 
and gas temper:ature distribution are often required. Note that the accuracy of 
such calculations depends on the accuracy with which the time-varying heat loss 
to the chamber walls can be estimated (see Sec. 12.4.3) and whether flows into 
and out of crevice regions are significant (see Sec. 8.6), as well as the accuracy of 
the models usedl to describe the thermodynamic properties of the gases. Appro­
priate more accurate models for the thermodynamic properties are: an equi­
librium model for the burned gas, and specific heat models which vary with 
temperature for each of the components of the unburned mixture (see Secs. 4.1 
and 4.7). In the absence of significant crevice effects, Eqs. (9.1) and (9.2) can be 
written as 

(9.13) 

(9.14) 

where 

and 

and similar definitions hold for u,, and u11 • For a given equivalence ratio, fuel and 
bu med gas fraction: 

h11 = h..(T,,) h,, = hiT,,, p) (9.15a. b) 

PVu = (!)T,, pv,, =(i)~ (9.16a, b) 

and Uu = hu - pv., u,, = Ii,, - pv,, (9.17a, b) 

To simplify the calculations, it is convenient to assume that, for the burned gas, 
u,, = u1;('f',,, p) and v,, = v,,(T,,, p). This corresponds to the fully mixed assumption 
described above. The effect of neglecting the temperature distribution in the cal­
culation of masi, fraction burned is small. In addition, the heat losses from the 
unburned gas c,an usually be neglected; the unburned gas is then compressed 
isentropically. 1;11 is specified for some initial state of the unburned gas (where 
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xb = 0) by Po, V0 , Mu, and the mass of charge m. Then, since for any isentropic 
process 

fu can be determined. 

v - (oh/oph 
(iJh/oT)p (9.18) 

Equations (9.13) to (9.18) constitute a set of nine~ equations for the nine 
unknowns vu , vb, uu, ub, ii,,, iib , Tu , Tb, and xb or p. One convenient solution 
method is to eliminate xb from Eqs. (9.13) and (9.14) to obtain 

(Vjm) ~ v" - (Ujm) ~ Uu =J(tb, tu)I = 0 (9.19) 
Vb - Vu Ub - Uu 

where U = U0 - W - Q. f,, can be determined from Eq. (9.18~ Equation (9.19) 
can then be solved using an appropriate iterative technique for Tb, and xb can be 
obtained from Eq. (9.13). An alternative formulation based on the rate of change 
of pressure dp/d0 and equations for dT Jd0, dT Jd0, dmb/d0, and dV,,/d0 can be 
found in Ref. 10. Some examples of mass fraction burned curves obtained from 
measured pressure data, with gasoline and methanol fuels, are shown in Fig. 9-8. 
With accurate pressure versus crank angle records, values of final mass fraction 
burned should be close to but lower than unity, usually .in the range 0.93 to 0.98: 
the difference from unity is the combustion inefficiency for lean mixtures (see Fig. 
3-9) and incomplete oxygen utilization for rich mixtures (see Fig. 4-20). 

More accurate burned gas temperature calculations need to account for the 
presence of a thermal boundary layer (of order 1 mm thick) around the com .. 
bustion chamber walls (see Sec. 12.6.5), The burned gas region in Fig. 9-4 can be 
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Mass fraction burned curves determined from measured cylinder pres:sure data using two-zone com­
bustion model: (a) gasoline; (b) methanol. </> = fuel/air equivalence ratio. 11 
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FIGURE 9-9 
Calculated temperature distribution in 
the adiabatic core of the burned gas 
zone for the unmixed model assuming 
thermodynamic equilibrium. ¢ = 1.0, 
Dashed line is temperature of each 
element just after it bums. 

divided into an adiabatic core and a boundary layer that grows in thickness with 
time. In the adiabatic core, in the absence of mixing between gas elements that 
burn at differen1t times, burned gas is compressed and then expanded isentropi­
cally. The burned gas temperature distribution can be calculated as follows. 
Given the pressme versus crank angle data, the unburned mixture state can be 
determined usinig Bq. (9.18) above. Bach small element of unburned mixture 
burns in a constant-enthalpy constant-pressure process. So the burned state of an 
element of unburned charge, which burns at p = p, , can be obtained from the 
relation 

h1,(Tt,,1 , p1) = h,lT,,,, , p,) 

After combustion, this element which burned at p = p, ts compressed and 
expanded along the isentropic: 

si7;, , p) = sb(T;,,, , P1) 

An example of the temperature distribution computed in this manner for this 
unmixed model in the burned gas adiabatic core is shown in Fig. 9-9. The 
element ignited by the spark is compressed to the highest peak temperature at 
Pmax. The temperature difference across the bulk of the charge (0.05 < xb < 0.95) 
is about 200 K. 

9.2.2 Analysis: of Cylinder Pressure Data 

Cylinder pressure changes with crank angle as a result of cylinder volume change, 
combustion, hecitt transfer to the chamber walls, flow into and out of crevice 
regions, and leallcage. The first two of these effects are the largest. The effect of 
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volume change on the pressure 1can readily be accounted for; thus, combustion 
rate information can be obtained from accurate pressure data provided models 
for the remaining phenomena can be developed at an appropriate level of 
approximation. The previous seiction has developed the fundamental basis for 
such calculations. 

Cylinder pressure is usually measured with piezoelectric pressure trans­
ducers. This type of transducer contains a quartz crystal. One end of the crystal is 
exposed through a diaphragm to the cylinder pressure; as the cylinder pressure 
increases, the crystal is compressed and generates an electric charge which is 
proportional to the pressure. A charge amplifier is then used to produce an 
output voltage proportional to this charge. Accurate cylinder pressure versus 
crank angle data can be obtained[ with these systems provided the following steps 
are carried out: (1) the correct re:ference pressure is used to convert the measured 
pressure signals to absolute pressures; (2) the pressure versus crank angle (or 
volume) phasing is accurate to within about 0.2°; (3) the clearance volume is 
estimated with sufficient accuracy; (4) transducer temperature variations (which 
can change the transducer calibration factor) due to the variation in wall heat 
flux during the engine cycle are held to a minimum. Log p versus log V plots can 
be used to check the quality of cylinder pressure data. The first three of the above 
requirements can be validated us,ing log p--log V diagrams for a motored engine. 
If the effects of thermal cycling aire significant, the expansion stroke on the log p­
log V plot for a firing engine sho,ws excessive curvature. 12 

Figure 9-10 shows pressure--volume data from a firing spark-ignition engine 
on both a linear p--V and a log p--log V diagram. On the log p--Jog V diagram the 
compression process is a straight line of slope 1.3. The start of combustion can be 
identified by the departure of thie curve from the straight line. The end of com-

Fraction of maximum volume 

(a) 

FIGURE 9-10 

1oi,___ __ __. __ _._____.___.___.__.__._~ 
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(b) 

(a) Pressure-volume diagram; (b) log p---lo,g (V/Vm-,) plot, 1500 rev/min, MBT timing, imep = 513 kPa, 
,P = 0.8, r c = 8. 72, propane fuel. i :& 
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bustion can be lo~ate~ approx_imate!y in s~ar fashion; t~e expansion stroke 
following combustion 1s ess~nt1ally I_mear with slo~e 1.33. Smee both the com­
pression of the unburned muture pnor to combustion and the expansion of the 
burned gases foUowing the end of combustion are close to adiabatic isentropic 
processes (for which pV' = constant; y = cJcv), the observed behavior is as 
expected. More extensive studies12

• 
13 show that the compression and expansion 

processes are well fitted by a polytropic relation: 

p V" = constant (9.20) 

The exponent n for the compression and expansion processes is L3 ( + 0.05) for 
conventional fuc~ls. It is comparable to the average value of Yu for the unburned 
mixture over the compression process, but is larger than 'Yb for the burned gas 
mixture during expansion due to heat loss to the combustion chamber walls (see 
Figs. 4-13 and 4• 16). 

Log p--log V plots such as Fig. 9-10 approximately define the start and end 
of combustion, but do not provide a mass fraction burned profile. One well­
established technique for estimating the mass fraction burned profile from the 
pressure and vollume data is that developed by Rassweiler and Withrow. 2 They 
correlated cylinder pressure data with flame photographs, and showed how Eq. 
(9.20) could be used to account for the effect of cylinder volume change on the 
pressure during combustion. Assuming that the unburned gas filling the volume 
V.. ahead of the flame at any crank angle during combustion has been compressed 
polytropically by the advancing flame front, then the volume Yu. 0 it occupied at 
time of spark is 

( 
p )t/n 

V.. , 0 = V:, Po (9.21) 

Similarly, the burned gas behind the flame filling the volume Vi, would, at the end 
of combustion, flill a volume V,,, 1 given by 

( 
p )1/n 

Vi,, I = V,, P1 (9.22) 

The mass fraction burned xb is equal to l - (V.., 0/V0) and to V,,, 1/V1 , where V0 
amd V1 are the total cylinder volumes at time of spark and at the end of com­
bustion, respectively. Since V = V.. + V,,, Eqs. (9.21) and (9.22) then give : 

(9.23) 

This meth1od is widely used, though it contains several approximations. 
HeaMransfer effects are included only to the extent that the polytropic exponent 
n in Eq. (9.22) differs appropriately from y. The pressure rise due to combustion is 
proportional to 1the amount of fuel chemical energy released rather than the mass 
of mixture burn,~d. Also, the polytropic exponent n is not constant during com­
bustion. Selecting an appropriate value for n (whether n is assumed to be con-
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stant or to vary through the combustion process) is the maJor difficulty in 
applying this pressure data analysis procedure. 

The effects of heat transfer, crevices, and leakage can be explidtly incorpo. 
rated into cylinder pressure da1ta analysis by using a "heat release" approach 
based on the first law of the:rmodynamics. A major advantage of such an 
approach is that the pressure cl~anges can be related directly to the amount of 
fuel chemical energy released by combustion, while retaining the simplicity of 
treating the combustion chambier contents as a single zone. Figure 9-11 shows 
the appropriate open.system boundary for the combustion cham ber. 14 The first 
law for this open system is 

(9.24) 

The change in sensible energy of the charge dU9 is separated from that due to 
change in composition : the term oQch represents the H chemical energy " released 
by combustion. The work is piston work and equal to p dV. <>Qht is heat transfer 
to the chamber walls. The mass flux term represents flow across the system 
boundary. In the absence of frnel injection, it represents flow into and out of 
crevice regions (see Sec. 8.6). 

The accuracy with which this energy balance can be made depends on how 
adequateJy each term in the above equation can be quantified. Assuming that U, 
is given by mu(T), where T is the mean charge temperature and m is the mass 
within the system boundary, then 

dUs =: mcv(T) dT + u(T) dm 

Note that this mean temperature: determined from the ideal gas law is close to the 
mass-averaged cylinder temperature during combustion since the molecular 
weights of the burned and unbw·ned gases are essentially identical. Crevice effects 
can usually be modeled adequatc~ly by flow into and out of a single volume at the 
cylinder pressure, with the gas irn the crevice at a substantially lower temperature. 
Leakage to the crankcase can usually be neglected. Then Eq. (9.24), on substitut­
ing for dUs and dmi (=dmcr = -dm), becomes 

Open system 
houndary ) 

r=-=-=-==-=---ll::=c-=--=- =-=-=7 / 

8W 

(9.25) 

FIGURE 9-11 
Open system boundary for combustion 
chamber for heat-release analysis. 
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where 
dmc, > 0 when flow is out of the cylinder into the crevice 
dmcr < 0 when flow is from the crevice to the cylinder 
h' is evaluated at cylinder conditions when dmc, > 0 and 

at crevice conditions when dmc, < 0 

Use of the ideal gas law (neglecting the change in gas constant R) with Eq. (9.25) 
then gives 

bQ,. = (;)v dp + (; + 1 )p dV + (h' - u + c, T) dm,. + bQ., (9.26) 

This equation can be used in several ways. When the heat or energy release 
term, bQ0 h, is combined with the heat-transfer and crevice terms, the com­
bination is termed net heat release-the combustion energy release Jess heat lost 
to the walls. It is equal to the first two terms on the right-hand side of Eq. (9.26) 
which, together, represent the sensible energy change and work transfer to the 
pjston. While heat losses during combustion are a small fraction of the fuel 
energy (10 to 15 percent), the distributions of heat release and heat transfer with 
crank angle are different; heat transfer becomes more important as the com­
bustion process ends and average gas temperatures peak. The net heat-release 
profile obtained from integrating the first two terms on the right-hand side of Eq. 
(9.26), normalized to give unity at its maximum value, is often interpreted as the 
burned mass fraction (or, more correctly, the energy-release fraction) versus crank 
angle profile. 

Use of Eq. (9.26) requires a value for cJR [ = 1/(y - 1)]. The ratio of specific 
beats y for both unburned and burned gases decreases with increasing tem­
perature and varies with composition (see Figs. 4-13, 4-16, and 4-18). As the mean 
charge temperature increases during compression and combustion and then 
decreases during expansion, y should vary. An approximate approach, modeling 
y(T) with a linear function of temperature fitted to the appropriate curves in Figs. 
4-13, 4-16, and 4-18 and with y constant during combustion, has been shown to 
give adequate results. 15 

The convective heat-transfer rate to the combustion chamber walls can be 
calculated from the relation 

dQbl = Al (T - T. ) 
dt le iv 

where A is the chamber surface area, T is the mean gas temperature, T.,.,, is the 
mean wall temperature, and he is the heat-transfer coefficient (averaged over the 
chamber surface area). he can be estimated from engine heat-transfer correlations 
(see Sec. 12.4.3). Since crevice effects are usually small, a sufficiently accurate 
model for their overall effect is to consider a single aggregate crevice volume 
where the gas is at the same pressure as the combustion chamber, but at a differ­
ent temperature. Since these crevice regions are narrow, an appropriate assump­
tion is that the crevice gas is at the wall temperature. Inserting this crevice model 
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into Eq. (9.26), with y(T) = a+ bT, gives the chemical energy- or gross hear. 
release rate: 

dQ0b =-y-p dV +-1- V dp 
dfJ y - 1 dO y - 1 dO 

[
T' T 1 (y - 1)] dp dQh1 

+ ~r Tw + Tw(y - 1) + bTw In y' - 1 d0 + -;ffi (9.27) 

An example of the use of Eq. (9.27) to analyze an experimental pressure 
versus crank angle curve for a conventional spark-ignition engine is shown in 
Fig. 9-12. The integrated beat rellease is plotted against crank angle. The lowest 
curve shown is the net heat rele:ase. The addition of heat transfer and crevice 
models gives the chemical energy release. The curve at the top of the figure is the 
mass of fuel within the combus1tion chamber times its lower heating value. It 
decreases slightly as Pmax is approached due to flow into crevices. The difference 
between the final value of Qch and (m1 Q1 Hv) should equal the combustion ineffi­
ciency (which is a few percent olf m1 QLuv), The combustion inefficiency can be 
determined from the exhaust gas composition (see Sec. 4.9.4). Inaccuracies in the 
cylinder pressure data and the heat-release calculation will also contribute to this 
difference. An important advantage of a heat-release analysis that relates the 
pressure changes to the amount of fuel chemical energy within the cylinder is that 
trus error can be determined. In the example in Fig. 9-12, the measured com­
bustion inefficiency was close to the amount shown. 

Two-zone models (one zone representing the unburned mixture ahead of 
the flame and one the burned mi,iture behind the flame) are used to calculate the 
mass fraction burned profile from measured cylinder pressure data.'° Figure 9-8 
shows results from such an anallysis, using the methodology described in Sec. 
9.2.1. The advantage of a two-zonie analysis is that the thermodynamic properties 
of the cylinder contents can be quantified more accurately. The disadvantages are 
that the unburned and the burnied zone heat-transfer areas must both now be 
estimated, and a model for the c:omposition of the gas flowing into the crevice 
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region must be developed. Due to this complexity, crevice models are usually 
omitted despite the fact that their impact can be significant. 

Z 3 Combustion Process Characterization 9 .. 
fhe mass fraction burned profiles as a function of crank angle in each individual 
cycle shown in Fig. 9-2 and the chemical energy- or gross heat-release curve in 
Fig. 9-12 have a characteristic S-shape. The rate at which fuel-air mixture bums 
increases from a low value immediately following the spark discharge to a 
maximum about halfway through the burning process and then decreases to 
close to zero as the combustion process ends. It proves convenient to use these 
mass fraction burned or energy-release fraction curves to characterize different 
stages of the spark-ignition engine combustion process by their duration in crank 
angles, thereby defining the fraction of the engine cycle that they occupy. The 
-flame development process, from the spark discharge which initiates the com­
bustion process to the point where a small but measurable fraction of the charge 
has burned, is one such stage. It is influenced primarily by the mixture state, 
composition, and motion in the vicinity of the spark plug (see Sec. 9.3), The stage 
during which the major portion of the charge burns as the flame propagates to 
the chamber walls is next. This stage is obviously influenced by conditions 
throughout the combustion chamber. The final stage, where the remainder of the 
charge bums to completion, cannot as easily be quantified because energy-release 
rates are comparable to other energy-transfer processes that are occurring. 

The following definitions are most commonly used to characterize the 
energy-release aspects of combustion: 

Flame-development angle !J.()d . The crank angle interval between the spark discharge 
and the time when a small but significant fraction of the cylinder mass has burned 
or fuel chemical energy has been released. Usua11y this rraction is 10 percent, though 
other fractions such as 1 and 5 percent have been used.t 

Rapid-burning angle !l.8b. The crank angle interval required to burn the bulk of the 
charge. lt is defined as the interval between the end of the flame-development stage 
(usually mass fraction burned or energy-release fraction of 10 percent) and the end 
of the flame-propagation process (usually mass fraction burned or energy-release 
fraction of 90 percent).t 

Overall burning angle t:,.00 • The duration of the overall burning process. It is the sum 
of /J.0" and !J.81,. 

t This angle is sometimes called the ignition delay. Since the Bame starts to propagate outward imme­
diately following the spark discharge there is no delay, and the terminology used here is preferred (see 
Sec. 9.3). 
t An alternative definition for A0b uses the maximum burning rate to define an angle or time charac­
teristic of the bulk charge burning process4 (see Fig. 9-13). ll81, and AO: are usually closely compara­
ble. 
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FIGURE 9-13 
Definition of flame-development angle, 110

4
, and 

rapid-burning angle, A8b , on mass fraction burned 
versus crank angle curve. 

Figure 9-13 illustrates these definitions on a mass fraction burned, or frac­
tion of fuel energy released, versus crank angle plot. While the selection of the 10 
and 90 percent points is arbitrary, such a choice avoids th<~ difficulties involved in 
determining accurately the shape of the curve at the start and end of combustion. 
These angles can be converted to times (in seconds) by dividing by 6N (with N in 
revolutions per minute). 

A functional form often used to represent the mass fraction burned versus 
crank angle curve is the Wiebe function: 

[ (
0 0 )m+I] 

xb = 1 - exp -a ~
0 
° (9.28) 

where 0 is the crank angle, 00 is the start of combustion, '1.0 is the total com­
bustion duration (xb = 0 to xb = 1), and a and m are adjustable parameters. 
Varying a and m changes the shape of the curve significantly. Actual mass frac­
tion burned curves have been fitted with a = 5 and m = 2. 16 

9.3 FLAME STRUCTURE AND SPEED 

9.3.1 Experimental Observations 

The combustion process in the spark-ignition engine takes place in a turbulent 
flow field. This flow field is produced by the high shear 1fows set up during the 
intake process and modified during compression, as described in Chap. 8. The 
importance of the turbulence to the engine combustion ]process was recognized 
long ago through experiments where the intake event, and the turbulence it gen­
erates, was eliminated and the rate of flame propagation decreased substantially. 
Understanding the structure of this engine flame as it dc~velops from the spark 
discharge and the speed at which it propagates across thi~ combustion chamber, 
and how that structure and speed depend on charge motion, charge composition, 
and chamber geometry, are critical to engine optimization. This section reviews 
experimental evidence that descrjbes the essential feature:s of the flame develop­
ment and propagation processes. 

Direct flame photographs such as those in Fig. 9-1 iI11dicate the location and 
shape of the actual reaction zone which radiates in the blue region of the visible 
spectrum. An irregular front is apparent. Further insight into the structure of the 
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fl me can be obtained from photographs taken with techniques that are sensitive 

1 
a density chamges in the flow field, such as schlieren and shadowgraph. With 

t~ese techniquc~s, a parallel light beam is passed through the combustion 
]lamber. Portions of the beam which pass through regions where density gra­

~ients normal to the beam exist are deflected, due to the refractive index gra­
dients that result from the density gradients. In the schlieren technique, the beam 
is focL1sed on a knife edge; the deflected parts of the beam are djsplaced relative 
to the knife edge and produce lighter or darker regions when subsequently refo­
eused onto film. With the shadowgraph technique, the parallel beam emerging 
from the combustion chamber is photographed directly; deflected parts of the 
beam produce lighter and darker regions on the film. With these techniques, 
details of flame structure can be discerned. 

Figure 9-14 shows a set of photographs from one engine cycle, from a high­
speed schHeren movie taken in a special visualization spark-ignition engine oper­
ating at 1400 rev/min and 0.5 atm inlet pressure. Also shown are the cylinder 
pressure versus crank angle data, and the mass fraction burned profile calculated 
from the pressme data using the method of Rassweiler and Withrow2 (see Sec. 
9.2.2). This engiine had a. square-cross-section cylinder with two quartz walls to 
permit easy opltical access, but otherwise operated normally. 17 Visualization of 
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FIGURE 9-14 
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Sequence of movie frames from one engine cycle in a square-cross-section cylinder, single-cylinder, 
engine with two glass walls, and corresponding pressure and mass fraction burned curves. 1400 rev/ 
min, 0.5 aim inlet pressure. 

Page 423 of 966



392 lNTBRNAL COMBUSTION RNGINE FUNDAMENTALS 

the flame is especially important during the early stages of flame development 
when the pressure rise due to combustion is too small to ~e detected. 

These photographs show how the flame '' ball," roughly spherical in shape 
grows steadily from the time of spark discharge. The effect of turbulence 1~ 
already visible in the convoluted flame surface in Fi,g. 9-14a. The volume 
enflamed behind the front continues to grow in a roughly spherical manner 

• except where intersected by the chamber walls, as seen im Fig. 9-14b and c. The 
mass fraction burned and the associated pressure rise due to combustion become 
significant by the time the flame front has traversed two-thirds to three-quarters 
of the field of view. Note that the fraction of the cylinder filled with enflatned 
charge is less than is suggested by the photos because the front of the flame is 
approximately spherical and the cylinder bas a square c1ross section. Maximum 
cylinder pressure occurs close to the time the flame makes contact with the far 
wall, as seen in Fig. 9-14e. Finally, the unburned mixture ahead of and within the 
front burns out and the density gradients associated with the flame reaction zone 
disappear, clearing the field of view as shown in Fig. 9-14e andf 

A useful relationship between the mass fraction hurtled, xb( =mb/m), and the 
volume fraction occupied by the burned gas, Yb(= V,,/ V), can be obtained from the 
identities 

V = Yu+V,, 

and the ideal gas law: 

(9.29) 

While the density ratio (p,) p,,) does depend on the equiva(lence ratio, burned gas 
fraction in the unburned mixture, gas temperature, and pressuret its value is close 
to 4 for most spark-ignition engine operating conditions. Thus, the plot of x,, 
against Yb has a universal form,10 as shown in Fig. 9-15. This curve is an impor­
tant aid in interpreting flame geometry information. 

FIGURE 9-15 
Relation between ma!1s fraction burned xb and vol· 

0.2 0.4 0.6 0.8 1.0 ume fraction burned Y&• x , is residual mass frac-
Bumed volume fraction, Yb tion.4 
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15° 20° 

Crank angle, degrees from ignition 

FIGURE 9-16 

25° 

Laser shadowgraph photographs of engine combustion process taken in singlci-cylinder engine with 
transparent cylinder head. From top to bottom: side plug without swirl; side plug with normal swirl; 
side plug with high swirl ; central plug without swirl; two plugs without swirl.1 8 

The above-described features of the developing and propagating flame are 
common to almost all engine geometries and operating conditions. Figure 9-16 
shows shadowgraph photographs of the flame at fixed crank angle intervals after 
ignition, taken through a transparent cylinder head with differe:nt geometric and 
flow configurations.18 The approximately spherical development of the flame 
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from the vicinity of the spark plug, except where it intercepts the chamber walls 
is evident for side and center ignition with one plug, and for ignition with tw~ 
plugs in the absence of any intake generated swirl. With normal levels of swirl 
the flame center is convected with the swirling flow, but the flame front as it 
grows is still approximately spherical in shape. Only with unusually high levels of 
swirl and aerodynamic stabilization of the flame at the spark plug location does 
the flame become stretched out and distorted by the flow in a major way. 18 

At any given flame radius, the geometry of the combustion chamber and 
the spark plug location govern the flame front surface area- the area of the 
approximately spherical surface corresponding to the leading edge of the flame 
contained by the piston, cylinder bead, and cylinder wall. The larger this surface 
area, the greater the mass of fresh charge that can cross this surface and enter the 
flame zone. The photos in Fig. 9•16 illustrate the importance of flame area. The 
center plug location gives approximately twice the flame area of the side plug 
geometry at a given flame radius, and burns about twice as fast (the fraction of 
the cylinder volume enflamed is about twice the size, at a fixed crank angle inter­
val after spark). The arrangement with two spark plugs at opposite sides of the 
chamber is not significantly different in enflamed volume from the single center 
plug because, once the flame fronts are intersected by the cylinder wall, the flame 
front areas are comparable. 

Mixture burning rate is strongly influenced by engine speed. lt is well estab­
lished that the duration of combustion in crank angle degrees only increases 
slowly with increasing engine speed. 19 Figure 9-17 shows how the interval 
between the spark discharge and 10 percent mass fraction burned, the flame 
development angle A0d, and the interval between the spark and 90 percent mass 
fraction burned, the overall burning angle l!J.0d + /!J.0b (see Sec. 9.2.3), vary with 
engine speed.20 Both intervals increase by a factor of about 1.6 for a factor of 4 
increase in engine speed; i.e., the burning rate throughout the combustion process 
increases almost, though not quite, as rapidly as engine speed. Additionally, at a 
given engine speed, increasing in.cylinder gas velocities (e.g., with intake gen­
erated swirl) increases the burning rate: the flame size for the swirling flows in 
Fig. 9-16 is larger than for the quiescent case with the same plug location at the 
crank angle intervals after spark shown. Increasing engine speed and introducing 
swirl both increase the levels of turbulence in the engine cylinder at the time of 
combustion (see Sec. 8.2.2). Increased turbulence increases the rate of develop­
ment and propagation of the turbulent premixed engine flame. 
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FIGURE 9•17 
Effect of engine speed on flame-development 
angle (0 to 10 percent burned) and overall 
burning angle (0 to 90 percent burned). <I> = 1.0, 
intake pressure 0.54 atm, spark 30° BTC.1° 
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It is also well established that unburned mixture composition and state 
affect the burning rate. Reducing the inlet pressure (and maintaining the ratio of 
exhaust to inlet pressure fixed to hold the residual gas fraction c:onstant) increases 
both the flame development and rapid burning angles. 19 The fuel/air equivalence 
ratio affects the burning rate. Both flame development and burning angles show a 
minimum for slightly rich mixtures (¢ ~ 1.2) and increase significantly as the 
mjxture becomes substantially leaner than stoichiometric. 19

• 
20 The burned gas 

fraction in the unburned mixture, due to the residual gas fraction and any recy­
cled exhaust gases, affects the burning rate: increasing the burned gas fraction 
slows down both flame development and propagation. 20 lF'uel composition 
cbanges can be significant also. While mixtures of isooctane or conventional gas­
olines with air and burned gases (at identical conditions) have closely comparable 
burning rates, propane, methane, methanol, and ethanol mixtures exhibit modest 
differences in burning rate and hydrogen-air mixtures substantial differences. The 
basic combustion chemistry of the fuel, air, burned gas mixt1ure influences the 
combustion process. However, the relative importance of combustion chemistry 
effects depends on combustion chamber design and burn rate. Faster burning 
engines (which have higher turbulence) are Jess sensitive to changes in mixture 
composition, pressure, and temperature than are slower burni1ng engines (which 
have lower turbulence). The effects of chamber geometry, gas, motion, and gas 
cornposition and state are interrelated. 21 

9.3.2 Flame Structure 

Laminar flames in premixed fuel, air, residual gas mixtures are characterized by a 
laminar flame speed SL and a laminar flame thickness 8L (se:e Sec. 9.3.3). The 
laminar flame speed is the velocity at which the flame propagattes into quiescent 
premixed unburned mixture ahead of the flame. There are several ways to define 
the thickness of a laminar flame. 22 Given the molecular diffusivity DL (see Sec. 
4.8), dimensional arguments give the most commonly used definition : fh = 
DJSL. Turbulent flames are also characterized by the root mean square velocity 
fluctuation, the turbulence intensity 1/ [Eq. (8.3)], and the various length scales of 
the turbulent flow ahead of the flame. The integral length scaki 11 [Eq. (8.8)] is a 
measure of the size of the large energy-containing structures of the flow. The 
Ko1mogorov scale IK [Eq. (8.11)] defines the smallest structures of the flow where 
small-scale kinetic energy is dissipated via molecular viscosity. 

Several dimensionless parameters are used to characteriize turbulent pre­
mixed flames. The dimensionless parameter used to define the turbulence is the 
turbulent Reynolds number, Rer = u'/1/v. For homogeneous and isotropic (no 
preferred direction) turbulence, the integral and Kolmogorov scales are related 
by Eq. (8.14): l,dl1 = Re.,: 314

_ A characteristic turbulent eddy turnover time tr can 
be defined as 
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A characteristic chemical reaction time is the residence time in a laminar flame. 

fh 
'!L=­

SL 

The ratio of the characteristic eddy turnover time to the laminar burning time is 
called the Damkohler number: 

Da = i T = (.!!_)(s ~) (9 .30) 
'!L OL u 

It is an inverse measure of the influence of the turbulent fl.ow on the chemical 
processes occurring in the flame. Other ratios are of interest. The ratio f>JlK. is a 
measure of the stretch or local distortion to which a laminar flame is subjected by 
the turbulent flow. Unless l1ff>L ~ 1 the concept of a localized flame region has 
little significance. The ratio u'/Si is a measure of the relative strength of the 
turbulence. 22 

Different regimes of turbulent flames are apparent in the plot of Damkoh­
ler number versus turbulent Reynolds number in Fig. 9-18.22 It has been assumed 
that DLR::: v and that the relationships for homogeneous isotropic turbulence are 
valid. Two regimes--distributed reactions and reaction sheets-are normally 
identified. In the distributed reaction regime, chemical reactions proceed in dis­
tributed reaction zones and thin-sheet flames do not occur. A sufficient condition 
for this regime is l 1 ~ {J L. In the reaction sheet regime, propagating reaction 
fronts are wrinkled and convoluted by the turbulence. A sufficient condition for 
the existence of reaction sheets is lK ~ <Ji. For ReT > 1, there is a region in Fig. 
9-18 where 11 > <JL > lK: the characteristics of flames in this regime are unclear. 
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FIGURE 9-18 
Different turbulent flame regimes on plot of 
Damkohler number versus turbulence Reynolds 
number, rl is turbulence intensity; SL is laminar 
flame speed; 11 , l10 and bL are integral scale, Kol­
mogorov scale, and laminar flame thickness. 
(From Abraham et al. 22) 
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Values of Da and Rer for a typical spark-ignition engine (the cross-hatched 
region in Fig. ~•18) lie predominantl~ in the reaction sheet flame regime. Engine 
operation at high speed (the lower right boundary) and low load (the lower left 
boundary) gives values of Da and Rer which fall below the IK/~L = 1 line. This is 
largely due to the low values of laminar flame speed that result from the high 
amounts of residual gas and EGR under these conditions (see Sec. 9.3.4 and Fig. 
6_19). Whether the flame structure under these conditions is significantly different 
is not known. Observations of engine flames to date, described below, lie above 
the Ix/ bL = 1 line, within the reaction sheet regime. One would expect, then, the 
structure of the flame in a spark-ignition engine, once developed, to be that of a 
thin reaction sheet wrinkled and convoluted by the turbulent flow. 

Detailed observations have been made of flame structure from ignition to 
flame extinguishing at the far cylinder wall. A flame develops from the spark 
discharge which causes ignition as follows. In the initial breakdown phase of 
ignition, a cylindrical discharge between the spark plug electrodes is estab­
lished.23 As electrical energy is fed into the discharge, the arc expands and exo­
thermic chemical reactions capable of sustaining a propagating flame develop. 
Figure 9-19 shows how this development of a flame kernel occurs, with a set of 
shadowgraph photographs taken at 40-µs intervals of the spark plug electrode 
gap in one cylinder of a 2-liter conventional engine. The first photograph is 
between 20 and 50 µs after the spark breakdown occurred. The complete 
sequence ( ~ 200 µs) corresponds to 1.3 crank angle degrees. The outer boundary 
of this developing flame kernel is approximately spherical and is smooth with 
modest irregularities, corresponding to a thin reaction zone with high­
temperature gases inside. As this developing sheetlike flame grows it interacts 
with the turbulent flow field in the vicinity of the spark plug: the flame outer 
surface becomes increasingly convoluted and the flame center can be convected 
away from the plug in a direction and with a velocity that can vary substantially 
cycle-by-cycle, as seen in Fig. 9-20.4 • 17 

The structure of the flame continues to develop as it propagates across the 
chamber. Evidence, largely from schlieren photographs and studies of flame 
structure with laser diagnostics, shows that early in the burning process the flame 

2 3 4 

FIGURE 9-19 
Shadowgraph photographs of spark-generated kernel between 1he spark plug electrodes. First pho­
tograph on left, 20 to 50 µs after breakdown; 40 µs between photos. Stoichiometric mixture, 1100 
rev/min. (Courtesy A. Douad, Instituc Francais du Petrole.) 
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FIGURE 9-20 
Schlieren photographs of developing flarme, 5° after spa rk discharge, showing different convection 
processes in two different cycles. Spark plug wires 0.8 mm diameter, 1400 rev/ min; 0.5 atm inlet 
pressure; propane fuel; </> = 0.9; spark advance 45° BTC. 1 7 

is a thin, moderately wrinkled but simply connected, front or reaction sheet 
between unburned and burned gas. The thickness of the front is about 0.1 nun 
which is comparable to the thickness of a laminar flame under the prevailing 
conditions. The scale of the wrinkles is typically about 2 mm at engine speeds of 
1000 to 2000 rev/min. As the flame propagates across the chamber, the thickness 
of the reaction sheet front remajns roughly constant, the flame front becomes 
more convoluted, and the scale of the wrinkles tends to decrease with time. 24 

Further evidence that the tlbin reaction sheet front becomes highly wrinkled 
and convoluted by the turbulent flow field into a thick turbulent flame " brush" 
is provided by the schlieren photographs in Fig. 9-21. These show a flame propa­
gating across the combustion chamber of a square-cross-section single-cylinder 
engine with a special transparent. piston crown containing a 13-mm wide channel 
to isolate a small section of the fllame. 25 The flame on the left is for a propane-air 
mixture; that on the right is hydrogen-air. The energy density per unit volume of 
mixture and the flow field are comparable for each fuel. The effective thickness of 
this turbulent flame-the average distance between the region ahead of the flame, 
where only unburned mixture exists, and the region behind the flame, where only 

(a) (b) 

FIGURE 9-21 
Sohlieren photographs of flame in square-cross-section cylinder engine, with narrow channel in piston 
crown (at bottom of pictures) which pernoits observation of 13-rnm wide section of flame. (a) Propane 
fuel, spark timing 36° BTC, photograph. at 14° ATC, flame thickness ~ 4.6 mm. (b) Hydrogen fuel, 
spark timing 3° BTC, photograph at 10!0 ATC, flame thickness ~ 1.5 mm. Stoichiometric mixtures, 
1380 rev/min, 0.5 atm inlet pressure.15 
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(b) 

FIGURE 9-22 
Enlarged schlieren photographs of (a) flame front and (b) flame back in square-cross-section cylinder 
engine with two glass side walls. 1400 rev/min, 0.5 atm inlet pressure, propane fulel, rp = 0.9.17 

burned mixture exists- is apparent. t It was 4 to 5 mm for prnpane and 1.5 mm 
for hydrogen. The difference is due to the substantially higher laminar flame 
speed for the hydrogen, air, burned gas mixture (see Sec. 9.3.4) which increases 
the Damkohler number and shifts the flame toward the weak-turbulence (i.e., less 
wrinkled) flame regime in Fig. 9-18. 

Additional insight into the structure of the developed engine flame can be 
obtained by enlarging photographs of the leading and trailing edges of the flame, 
obtained with the schlieren or shadowgraph technique. Figure 9-22a shows the 
front of the flame 40° after the spark, when it has propagat,ed about halfway 
across the chamber. It shows the irregular but smoothly curved surfaces which 
comprise the leading edge of the flame. Figure 9-22b shows the back of the flame 
70° after the spark, when the front of the flame has just reached the wall of the 
combustion chamber farthest from the spark plug. It shows larige clear regions of 
burned gas behind the flame and smaller clear regions conne,cted by a lacelike 

t These photographs were selected from a large number to give the minimum flame thickness corre­
sponding to the flame front perpendicular to the channel length. 
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FIGURE 9-23 
Upper picture: oscillogram of output of optical 
multichannel analyzer showing the intensity of 
light scattered from a narrow laser beam as a func. 
tion of distance through the flame. Intensity is a 
measure of gas density. Lower picture: schematic 
of flame structure corresponding to this signal, 600 
rev/min, 1 atm inlet pressure, propane fuel, 
"'= 1.0.24 

structure within which the remaining regions of unburned mixture are being con­
sumed.1 7 The analogy with a crumpled sheet of paper is appropriate. 

Laser scattering experimet1ts, where "snapshots" of the density profile 
along a laser beam passed through the flame were obtained using Rayleigh scat­
tered light from the gas molecuk~s, provide explicit evidence of this structure.26 

Figure 9-23 shows an oscillogram of the output of the optical analyzer. Each dot 
represents the intensity of the scattered light which is a measure of the gas 
density. The signal on the left corresponds to unburned gas. The flame is propa­
gating from right to left. The oscillogram shows a thin transition zone of width 
0.25 mm between unburned and burned gas, followed at a distance of 1.5 mm by 
an " island " of unburned gas. The fraction of oscillograms showing such 
"islands" varied from 0 at 300 n~v/min to 20 percent at 1800 rev/min. An inter­
pretation of this signal consistent with the available photographic evidence is 
shown underneath. 24 

The above results suggest that increasing engine speed, which increases 
turbulence levels in the unburned charge1 increasingly convolutes and probably 
multiply-connects the thin reaction sheet flame front. Enlarged schlieren pho­
tographs of a 9-mm diameter section of the developed engine flame, viewed 
normal to the flame surface1 indicate that increasing turbulence intensity and 
decreasing turbulence scales result in increasingly finely wrinkled flame struc­
tures. Figure 9-24 shows a set of such photographs, arranged in order of increas­
ing turbulent Reynolds number .. Increases in turbulence intensity, which was 
measured, were achieved by increases in engine speed and by modifying the inlet 
valve. Relevant parameters for ea1ch photograph are given in Table 9.1. 

The above theoretical discussion and experimental evidence indicates that 
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(e) (f) (g) (h) 

FIGURE 9-24 
Shadowgraph photographs, with light beam ~ormal to flame front, of 10-mm diameter section of 
flame. Photographs, arranged in order of increasing turbulent Reynolds number, suggest this is an 
appropriate scaling parameter (see Table 9.1).27 

developed turbulent flames in spark-ignition engines, under normal operating 
conditions, are highly wrinkled and probably multiply-connected thin reaction 
sheets. The overall thickness of the turbulent flame " brush," front to back, is of 
order 1 cm. The thickness of the thin reaction sheet is comparable to estimates of 
the laminar flame thickness under the prevailing unburned mixture conditions 
which are of order 0.1 mm. The scale of the wrinkles is of order 1 mm. 24 Direct 
evidence to date is limited to the low to mid engine speed and low to high engine 

TABLE 9.1 
Parameters for sbadowgraph photographs in Fig. 9-24 

Engine Turbulence 
speed, intensity, 

Photograph rev/min m/s Valve Re"-' Rei-

a 300 0.44 s 106 229 
b 600 0.88 s 157 503 
C 300 1.07 us 173 611 
d 900 1.33 s 193 760 
e 1200 1.80 s 224 1024 
f 600 1.95 us 234 1117 
g 900 2.90 us 285 1658 
It 1200 4.0 us 333 2263 

Note: Valve: S, shrouded; US, unshrouded (produced higher turbulence due to 
less ordered flow). Re.-1 = I,., u'/v; Rcr = 11 u'/v (see Sec. 8.2.1).27 
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foad ranges. Whether the structur1e becomes significantly different at high engine 
speed is not known. Models of this turbulent flame development and propaga. 
tion process are reviewed in Chap. 14. 

9.3.3 Laminar Burning Speeds 

An important intrinsic property of a combustible fuel, air, burned gas mixture is 
its laminar burning velocity. This burning velocity is defined as the velocity, rela­
tive to and normal to the flame flront, with which unburned gas moves into the 
front and is transformed to products under laminar flow conditions. Some details 
of flame structure help explain the significance of this quantity. A flame is the 
result of a self-sustaining chemical reaction occurring within a region of space 
called the flame front where unburned mixture is heated and converted into pro­
ducts. The flame front consists of two regions: a preheat zone and a reaction 
zone. In the preheat zone, the te:mperature of the unburned mixture is raised 
mainly by heat conduction from the reaction zone : no significant reaction or 
energy release occurs and the temperature gradient is concave upward (a2T/ 
8x2 > 0). Upon reaching a critical temperature, exothermic chemical reaction 
begins. The release of chemical energy as heat results in a zone where the tem­
perature gradient is concave downward (o2T/ox2 < 0). The region between the 
temperature where exothermic chemical reaction begins and the hot boundary at 
the downstream equilibrium burnied gas temperature is called the reaction zone. 
The thicknesses of the preheat and reaction zones can be calculated for one­
dimensional flames from conservation equations of mass and energy. The thick­
ness of the preheat zone oL, phis 

0 
_ 4.6k 

L. ph - C p s 
p u L 

(9.31) 

where k and cP are the mean thermal conductivity and specific heat at constant 
pressure in the preheat zone and SL is the laminar burning velocity.28 Thus, the 
factors which govern the lamilllar burning velocity of a specific unburned 
mixture-the velocity at which this flame structure propagates relative to the 
unburned gas ahead of it-are the temperature and species concentration gra­
dients within the flame and the mixture transport and thermodynamic properties. 

Laminar burning velocities at pressures and temperatures typical of 
unburned mixture in engines are iusually measured in spherical closed vessels by 
propagating a laminar flame radially outward from the vessel center. The laminar 
burning velocity is then given by 

(9.32) 

where the mass burning rate is dc,termined from the rate of pressure rise in the 
vessel and A 1 is the flame area. Because the laminar flame thickness [ e.g., given 
by Eq. (9.31)] under engine conditilons is of order 0.2 mm26 and is therefore much 
less than characteristic vessel dimensions, in applying Eq. (9.32) the flame can be 
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eated as negligibly thin. Laminar burning velocities for methane, propane, iso­
trctane, methanol, gasoline, and hydrogen-premixed with air-at pressures, tem­
~ratures, and equivalence ratios which occur in engines have been measured 
sing this technique.29

-
33 Also, the effect of a burned gas diluent on laminar 

~urning velocity with gasoline-air mixtures has been determined.32 Correlations 
derived from these data are the most accurate means available for estimating 
laminar burning velocities for mixtures and conditions relevant to spark-ignition 

engines. 
The effect of the mixture fuel/air equivalence ratio on laminar burning 

velocity for several hydrocarbon fuels and methanol is shown in Fig. 9-25. The 
burning velocity peaks slightly rich of stoichiometric for all the fuels shown. The 
values for isooctane and gasoline are closely comparable. Data at higher pres­
sures and temperatures have been fitted to a power law of the form: 

(1;,)a( p )p 
SL= SL,o To Po (9.33) 

where T0 = 298 K and Po = 1 atm are the reference temperature and pressure, 
and SL, 0 , ex, and p are constants for a given fuel, equivalence ratio, and burned 
gas diluent fraction. For propane, isooctane, and methanol, these constants can 
be represented by 

and 

rx = 2.18 - 0,8(</> - 1) 

p = -0.16 + 0.22(¢ - 1) 

SL, o = Bm + Bi</> - <Pni 

(9.34a) 

(9.34b) 

(9.35) 

where </Jm is the equivalence ratio at which SL. 0 is a maximum with value B"'. 

45 • 
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FIGURE 9-25 
Laminar burning velocity for several fuels as func­
tion of equivalence ratio, at 1 atm and 300 K. 
Lines are least-squares polynomial fits to 
data.29

• 
30 
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TABLE 9.l 

Parameters ct, .. ' B,,,' and B+ for Eq. 
(9.35) 

B., B•, 
Fuel cl>. cm/s c.m/s Ref. 

Methanol 1.11 36.9 -140.5 30 
Propane 1.08 34.2 -138.7 30 
Isooctane 1.13 26.3 - 84.7 30 
Gasoline 1.21 30.5 -54.9 32 

Note: Values or SL,o given by Eq. (9.35) are obtained 
from least-squares Ii.ls of Eq. (9.33) lo data over the range 
p = 1- 8 aim, T,, = 300-700 K. They do not correspond 
exactly to the laminar flame speed data at 1 atm and 
298 K fo Fig. 9-25. 

Values of <l>m, B,,,, and Btl> are given in Table 9.2.3° For gasoline (a reference 
gasoline with average molecular weight of 107 and an H/C ratio of 1.69) addi­
tional data were available and were correlated by32 

(t,g = 2.4 - 0.27l<f>3
•
51 

p9 = -0.357 + 0.14</>2
•
77 

(9.36a) 

(9.36b) 

For methane1 simple equations such as (9.34a, b) do not adequately correlate the 
data over the range of p and 7;, relevant to engines. However, laminar burning 
velocity data from a spherical constant-volume bomb experiment have been 
obtained along an unburned gas isentropic path, as the pressure in the bomb 
rises during combustion. Variation in laminar burning velocity along such 
unburned gas isentropes does correlate with a power law: 

Si, 11 = SL. o(~uJ: (9.37) 

Values for SL, 0 ands from the literature are summarized in Table 9.3. 

TABLE 9.3 

Parameters for methane-air laminar 
burning velocity correlation [Eq. (9.37)] 

p,, Si.. o, t 
lj) atrn cm/s e Rer. 

1.0 0.5 49 0.51 31 
1.0 1.0 35 0.2 31 
0.8- 1.2 1- 8 t 0.17-0.19 33 

t At 298 K initial temperature. 
t See Fig. 9-25. 
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FIGURE 9--26 
Effect of burned gas mole fra1;;tion x~ in unburned 

0.3 mixture on laminar burning velocity. Fuel: gas­
oline.32 

The presence of burned gas in the unburned cylinder charge due to residual 
gases and any recycled exhaust gases causes a substantial reduction in the 
laminar burning velocity. Any burned gas in the unburned mixture reduces the 
heating value per unit mass of mixture and, thus. reduces the adiabatic flame 
temperature. It acts as a diluent. The effect of increasing burne:d gas or diluent 
fraction on laminar flame speed is shown in Fig. 9-26. The diluent used was a 
mixture of CO2 and N 2 , chosen to match the heat capacity of actual gasoline-air 
combustion products.t The proportional reduction in laminar burning velocity is 
essentially independent of the unburned mixture equivalence ratio, pressure, and 
temperature over the range of interest in engines. The data in FiJg. 9-26 are corre­
lated by the relation: 

(9.38) 

where i\ is the mole fraction of burned gas diluent. Other studiei; corroborate the 
magnitude of this burned gas effect. 32 

Note that for equal heat capacity added to the unburned mixture, burned 
gases have a much larger effect on laminar burning velocity tl\an does excess air. 
For example, the laminar burning velocity of a stoichiometric mixture as it is 
leaned to </, = 0.8 is reduced by 23 percent. The excess air required has a heat 
capacity of about 0.2 times that of the combustion products of the undiluted 
mixture. Adding the same heat capacity by adding stoichiometric burned gases 
(which requires a burned gas mole fraction of 0.175) reduces the laminar burning 

t The water in actual residual and exhaust gas was omitted. A mixture of 80 percent N 2 and 20 
percent CO2 , by volume, was used. 
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velocity by 55 percent. 32 Proper allowance for the burned gas fraction in esthnat. 
ing laminar burning velocities for spark-ignition engines :is most important. 

The above correlations define the laminar burning velocity as a function of 
unburned mixture thermodynamic properties and compi::>sition, only. It has been 
assumed that flame thickness and curvature effects are negligible.28 Our interest 
in laminar burning velocity is twofold: first, it is used to define the characteristic 
chemical reaction time of the mixture in Eq. (9.30); sec:ond, a presumed conse. 
quence of the wrinkled thin-reaction-sheet turbulent~flame structure is that 
locally, the sheet propagates at the laminar burning velocity. The above correla: 
tions adequately characterize a quiescent burning process. However, laminar 
flame propagation can be influenced by the local flow field in the unburned gas. 
If the flame thickness is less than the Kolmogorov scale, the primary effect is one 
of straining which affects both the flame area (usually reforred to as flame stretch­
ing for an area increase) and the local (laminar) burndng velocity. While this 
problem js not yet well understood, it is known that straining can affect the 
laminar burning velocity and can cause flame extinctioin. The laminar burning 
velocity decreases with increasing strain rate, and th,e Lewis number of the 
unburned mixture has a significant influence on this ratie of decrease. The Lewis 
number is the ratio of diffusivities of heat and mass. For stoichiometric mixtures 
it is close to one; it increases above about unity as the unburned fuel-air mbcture 
is leaned out. Thus the local flow field may ·have a discemable effect on the local 
burning velocity of the thin laminarlike reaction-sheet flame, especially for Jean 
or dilute mixtures.34 

9.3.4 Flame Propagation Relations 

If the heat-release or mass burning rate analysis of Sec. 9.2.2 is coupled with an 
analysis of flame geometry data, substantial additional insight into the behavior 
of spark-ignition engine flames is obtained. Flame pbotc,graphs (such as those in 
Figs. 9-1, 9-14, and 9-16 and Refs. 4 and 35) effectively define the position of the 
front or leading edge of the turbulent engine flame. The "shadow" of the 
enflamed zone, under normal engine conditions, is clo:se to circle: only in the 
presence of very high swirl does substantial distortion of the flame shape occur.18 

Thus, to a good approximation, the surface which define:s the leading edge of the 
turbulent flame (ahead of which only unburned mixture 1exists) is a portion of the 
surface of a sphere. Figure 9-27 indicates the geometrical parameters which define 
this flame surface: re, cx0 , zc, the coordinates of the flame1 center; r 1 , the radius of 
the best-fit circle to the flame front silhouette; and the geometry of the com­
bustion chamber walls. The flame is initiated at the spark plug; however, it may 
move away from the plug during the early stages of its development as shown. 
We define the flame front area A I as the spherical surface of radius r I coinciding 
with the leading edge of the flame contained within the ciombustion chamber, and 
the enfiamed volume V1 as the volume within the chamber behind this flame front. 

The thermodynamic analysis of cylinder pressure data aHows us to define 
additional geometrical parameters. The burned gas radi1'.4s r11 is the radius of the 
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F1GURE 9-27 
Schematic of spherical flame front in engine com­
bustion chamber identifying parameters which 
define flame geometry. (From jfleretta et al.4) 

spherical surface within the combustion chamber which wouldl contain all the 
burned gas behind it; i.e., 

V,,(rb, re, (Xe, Ze) = V,,(p, 0) 

The spherical burning area Ab is the area of this spherical surface; i.e., 

oV,,(rb, re, (Xe, Zc) 
Ab=------

orb 

(9.39) 

(9.40) 

The laminar burning area AL is the surface area the flame would have if it burned 
at the laminar flame speed, i.e., 

dm,Jdt 
AL=------

Pu 8L 
(9.41) 

where SL is the laminar flame speed in the unburned mixture ahead of the flame 
(see Sec. 9.3.3). 

Several velocities can be defined. The mean expansion speed of the front u1 
is given by 

(9.42) 

-
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where As is the "shadow,, area enclosed by the "best-fit" circle through the• 
leading edge of the flame and • 

L - aAs 
s- or/ 

is the arc length within the chamber of this "best-fit" circle. The mean expansion 
speed of the burned gas ub is 

(9.43) 

This derivative is taken with the piston position fixed since only burned volume~ 
changes due to combustion are of interest. The burning speed Sb is defined by 

Sb= dmidt 
P11Ab 

The mean gas speed just ahead of the flame front u
9 

is 

u9 = ub - Sb 

Note that combining Eqs. (9.41) and (9.44) gives the relation 

SbAb = SLAL 

Also, it follows from Eqs. (9.29), (9.43), and (9.44) that 

ub = Pu (1 - Yb) + Yb = pj Pb 
Sb Pb [(pj Pb) - l]x1, + 1 

(9.44) 

(9.45) 

(9.46) 

(9.47) 

As xb and Yb ➔ 0, Ut,/Sb approaches the expansion ratio pjpb. As X1, and y,,-+ 1, 
uJSb approaches unity. 

The variation of the above quantities during the engine combustion 
process, coupled with the photographs and discussion in Sec. 9.3.2, provide sub­
stantial insight into the flame development and propagation process. Figure 9-28 
shows results from an analysis of cylinder pressure data and the corresponding 
flame front location information (determined from high-speed movies through a 
window in the piston) of several individual engine operating cycles. The com• 
bustion chamber was a typical wedge design with a bore of 102 mm and a com• 
pression ratio of 7.86. The flame radius initially grows at a rate that increase8 
with time and exhibits substantial cycle-by-cycle variation in its early develop· 
ment (Fig. 9-28a). Later (r f ~ 30 mm) the growth rate, which approximates thi3 
expansion speed u,,, reaches an essentially constant value. The flame radius r I is 
initially equal to the burned gas radius,,,; it increases above'" as the flame grow1; 
and becomes increasingly distorted by the turbulent flow field (Fig. 9-28b). Even·· 
tually r f - r,, goes to an essentially constant value of about 6 mm for r,, ~ 30 
mm. This difference, r f - r,,, is approximately half the thickness of the turbulent 
flame brush. 
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Variation of flame geometry and velocity parameters during four individual c:ombustion cycles at 
1044 rev/min, <I> = 0.98, 1 atm inlet pressure: (a) .flame radius r I versus crank anglle; (b) flame radius r 1 
versus burned gas radius rb; (c) oonnalit.ed enflamed volume y1 , burned volume Yb, nonnalized flame 
front area a1 , and laminar area aL versus flame radius; (d) front expansion s~~d ub , burning speed 
Sb, and laminar flame speed SL versus flame radius. (From Beretta et al.4) 
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Normalized enflamed andl burned volumes, and flame front area and 
laminar burning area, are shown in Fig. 9-28c. Volumes are normalized by th • 
cylinder volume, and areas by nRh, where his the average clearance height and; 
the cylinder radius. Discontinuities occur in the flame area a1 at the points where 
the flame front contacts first the piston face and then the near cylinder wall. l'he 
laminar area At is initially close to the flame area A1 and then increases rapidly 
as the flame grows beyond 10 mm in radius. During the rapid burning com .. 
bustion phase (y 1 ~ 0.2) the value of y I is significantly greater than Yb. During 
this phase, the laminar area exceeds the flame area by almost an order of magru. 
tude. These observations indicate the existence of substantial pockets of 
unburned mixture behind the leading edge of the ftame.4 

The ratio of the volume of the unburned mixture within the turbulent flame 
zone (V1 - V,,) to the reaction-sheet area within the flame zone (A1.. - A 1) defines 
a characteristic length 

(9.48) 

which can be thought of as the scale of the pockets of unburned mixture within 
the flame. For tbe data set of Fig. 9►28, lr is approximately constant and of order 
1 mm.24 

These flame geometry results would be expected from the previous pho­
tographic observations of how the flame grows from a small approximately 
spherical smooth~surfaced kernal shortly after ignition to a highly wrinkled 
reaction-sheet turbulent flame of substantial overall thickness. Initially, the 
amount of unburned gas within the enflamed volume is small. During the rapid 
burning phase of the combustion process, however, a significant fraction (some 25 
percent; see Fig. 9-2) of the gas entrained into the flame zone is unburned. 

The front expansion speed u 1 , burning speed Sb, and laminar flame speed 
SL are shown in Fig. 9-28d. The expansion speed increases as the flame develops 
to a maximum value that is several times the mean piston speed of 3.1 m/s and is 
comparable to the mean flow v~~locity through the inlet valve of 18 m/s.24 The 
burning speed increases steadily from a value close to the laminar flame speed at 
early times to almost an order of magnitude greater than SL during the rapid 
burning phase. During this rapid burning phase, since (r 1 - ,·b) is approximately 
constant, the flame front expans:ion speed and the mean burned gas expansion 
speed are essentially equal. The difference between ub ::::: u1 and Sb is the unburned 
gas speed u9 just ahead of the ·flame front. Note that the ratio u1/S,, (~ub/Sb) 
decreases monotonically from a value equal to the expansion ratio (pjpb) at 
spark to unity as the flame approaches the far wall, as required by Eq. (9.47). 

The effect of flame propagation on the flow field in the unburned mixture 
ahead of the flame is important. because it is the turbulence just ahead of the 
flame that determines the local burning velocity. Measurements of mean veloc­
ities, rms fluctuation velocities, a.nd turbulence intensities have been made using 
laser doppler anemometry (see Sec. 8.2.2) at different locations within engine 
combustion chambers (e.g., Refs. 36 and 37). Such data are difficult to interpret 
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FIGURE 9-29 
Laser doppler anemometer measurements of ensemble-averaged mean velocity O EA [Eq, (8.20)], nns 
fluctuation in individual-cycle mean velocity U rm, [Eq. (8.21)] and turbulence intensity u~ [Eq. (8.22)], 
close to the cylinder axis, from before ignition to after flame arrival. Disc-shaped chamber, spark plug 
in cylinder wall, measurement at x/B = 0.57, B = 16 mm, 300 rev/min. SP = 0.83 m/s.36 

because the mean flow varies cycle-by-cycle, the turbulence is not homogeneous, 
and the flame motion and shape show substantial cyclic variations. The results in 
Fig, 9-29 were taken in a special single-cylinder engine with a disc-shaped com­
bustion chamber where the spark plug was located in the cylinder liner. Shown 
are the ensemble-averaged mean velocity, cyclic variation in mean velocity1 and 
the turbulence intensity, normal to the front, during the major portjon of the 
combustion process, close to the chamber center. 

The mean velocity normal to the front increases steadily from shortly after 
ignition, as the combustion-produced gas expansion displaces unburned mixture 
toward the wall. It peaks as the flame arrives at the measurement location. The 
cyclic variation in mean velocity and the turbulence intensity normal to the front 
remain essentially constant until a few degrees before the flame arrival. These two 
quantities are comparable in magnitude; thus the turbulence intensity is lower 
than the rms fluctuation velocity (in this case by· about a factor of 2) (see Sec. 
8.2.2). Whether the increase in turbulence as the flame approaches is due to rapid 
distortion resulting from the compression of the unburned mixture which occurs 
during combustion or is the result of inadequate resolution of cycle-to-cycle flow 
variations is unclear. Rapidly imposed distortions of a turbulent flow field, such 
as those imposed by combustion-produced gas expansion, would lead to an 
increase in vorticity and turbulence intensity. Other studies, e.g., Ref. 37, indicate 
there is little or no increase in turbulence intensity ahead of the flame. 

The variation of burning speed with engine speed has also been carefully 
examined in a study where flame position was determined from high-speed 
movies, mass burning rates from cylinder pressure, and turbulence information 
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