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all the features of real engine proces1~es of interest. Gas-flow patterns can be pre­
dicted best; predictions of fuel spray behavior are less complete, and combustion 
calculations present considerable difficulties. 

These computational, fluid dynamic, engine process analysis codes solve the 
partial differential equations for conservation of mass, momentum, energy, and 
species concentrations. To apply a digital computer to the solution of a contin­
uum problem (such as the flow field inside the cylinder), the continuum must be 
represented by a finite number of dis,crete elements. The most common method of 
discretization is to divide the region of interest into a number of small zones or 
cells. These cells form a grid or mesih which serves as a framework for construc­
ting finite volume approximations to the governing partial differential equations. 
The time variable is similarly discretized into a sequence of small time intervals 
called time steps, and the transient solution is "marched out" in time: the sol u­
tion at time t" + 1 is calculated from the known solution at time t". Three­
dimensional formulations of the finiite difference equations are required for most 
practical engine calculations; two-dimensional (or axisymmetric) formulations 
can be useful, however, under simple1r flow situations, and have been more exten­
sively used to date due to their simpiler models and computer codes and require­
ment for less computer time and storage capacity. 

The principal components of these multidimensional engine flow models 
are the following:59 

l. The mathematical models or equations used to describe the flow processes. 
Especially important is the turbulence model, which describes the small-scale 
features of the flow which are not accessible to direct calculation. 

2. The discretization procedures us<~d to transform the differential equations of 
the mathematical model into algebraic relations between discrete values of 
velocity, pressure, temperature, etc., located on a computing mesh which 
(ideally) conforms to the geometry of the combustion chamber with its moving 
valves and piston. 

3. The solution algorithm whose function is to solve the algebraic equations. 
4. The computer codes which translate the numerical algorithm into computer 

language and also provide easy in1terfaces for the input and output of informa­
tion. 

The basic equations for all existing in-cylinder flow calculation methods are the 
differential equations expressing the conservation laws of mass, momentum (the 
Navier-Stokes equations-a set of three), energy, and species concentrations. 
These equations, in the above order, may be written: 

1 0 0 
D u, 0 a 'tij 

-· 
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The first term on the right gives the source terms, the second term the diffusive 
transport. The D/Dt operator provides the convective transport terms and is 

DJ= o(pf) + ~ (pu f) 
Dt ot ox1 

1 (14.55) 

Here, pis the density, u1 the ith velocity component, e the internal energy per unit 
mass, and Y .. the concentration of species <X per unit mass. 

In the IC engine context, the thermal energy source term Q involves a 
viscous term and source terms arising from chemical reaction of the fuel. Both Q 
and the species source term, s .. , will depend upon the chemical rate equations1 

which must be known to close the problem. Note that diffusion of the various 
species contributes to the diffusive flow of internal energy, q1, in addition to 
conductive heat diffusion. 

The fact that turbulent flows exhibit important spatial and temporal varia­
tions over a range of scales (dictated at the upper end by chamber dimensions 
and at the lower end by viscous dissipative processes, see Sec. 8.2.1) makes direct 
numerical solution of these governing equations impractical for flows of engine 
complexity. Recourse must therefore be made to some form of averaging or filter­
ing which removes the need for direct calculation of the smal1~scale motions. Two 
approaches have been developed for dealing with this turbulence modeling 
problem: full-field modeling (FFM), sometimes called statistical flux modeling; 
and large-eddy simulation (LES) or subgrid-scale simulation. In FFM, one works 
with the partial differential equations describing suitably averaged quantities, 
using the same equations everywhere in the flow. For periodic efigine flows, time 
averaging must be replaced by ensemble or phase averaging (see Sec. 8.2.1). The 
variables include the velocity field, thermodynamic state vatiables, and various 
mean turbulence parameters such as the turbulent kinetic energy, the turbulent 
stress tensor, etc. In FFM, models are needed for various averages of the turbu­
lence quantities. These models must include the contributions of all scales of 
turbulent motion. 59• 60 

Large-eddy simulation (LES) is an approach in which one actually calcu­
lates the large-scale three-dimensional time-dependent turbulence structure in a 
single realization of the flow. Thus, only the small-scale turbulence need be 
modeled. Since the small-scale turbulence structure is more isotropic than the 
large-scale structure and responds rapidly to changes in the large-scale flow field, 
modeling of the statistical fluxes associated with the small-scale motions is a 
simpler task than that faced in FFM where the large-scale turbulence must be 
included. 

An important difference between FFM and LES is their definition of 
"turbulence." In FFM the turbulence is the deviation of the flow at any instant 
from the average over many cycles of the flow at the same point in space and 
oscillation phase [i.e., the fluctuation velocity defined by Eq. (8.16) or (8.18)]. 
Thus, FFM "turbulence" contains some contribution from cycle-by-cycle flow 
variations. LES defines turbulence in terms of variations about a local average; 
hence in LES turbulence is related to events in the current cycle. 60 
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14.5.2 Turbulence Models 

In full-field modeling (FFM), equations for the averaged variables are formed 
from Eqs. (14.54). With periodic engine flows, phase or ens1emble averaging must 
be used (see Secs. 8.2.1 and 8.2.2). Since the flow during th1~ engine cycle is com­
pressed and expanded, mass-weighted averaging (called Fa.vre averaging) can be 
used to make the averaged compressible-flow equations 101:>k almost exactly like 
the averaged equations for incompressible flows. The comlbined ensemble-Favre 
averaging approach works as follows. 60 

We denote the phase-averaging process by { }, i.e.: 

l N 

{p(x, t)} = lim N L p(x, t + nt) (14.56) 
N-or:,:, n=1 

where 't' is the cycle period. We also write {p} = p, antd decompose p into 
p = p + p'. The mass-weighted phase-averaged quantities (indicated by an 
overbar) are defined by 

N 

p(x, t)/(x, t) = lim }: p(x, t + nT)/(x, t + n-r) (14.57) 

where all flow variables (except density and pressure) have: been decomposed as 
f = J + f'. Note that {p'} is zero, {J} = J, the mass~weightedl phase average off is 
zero, but{/'} is not zero. With these definitions: 

{pf}= pf 

{pf}= 0 

{pf g} = p(Jg + Jg') 

{pfgh} = p(fgh + f g'h' + gfh' + hfg' + j'g'h') 

Phase-averaging Eq. (14.54), one obtains60 

1 
D u, 
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(14.58) 

(14.59) 

(14.60) 

The terms on the left-hand side in Eq. (14.59) involve only the solution variables 
p, ii1 , e, and Y«, and hence require no modeling. However, all of the terms on the 
right, particularly the last terms that represent turbulent transport, involve turbu­
lence fluctuation quantities and must be modeled in terms of the solution vari­
ables. The source terms {Q} and {Sir} present special difliculties to the engine 
modeler, Due to the exponential dependence of the heat release Q on tern-
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perature, {Q} will be strongly influenced by temperature fluctuations. These 
issues are discussed more fully in Secs. 14.5.5 and 14.5.6. 

The momentum equations contain terms, - pu~ u1, which represent turbu­
lent stresses (and are often called the Reynolds stresses). These terms must be 
modeled with additional equations before the set of eq[Uations, (14.59), is 
''closed" and can be solved. The most widely used turbulenc,e model or equation 
set is the k-e model.60

-
63 This assumes a newtonian relatfonship between the 

turbulent stresses and mean strain rates, and computes the !(fictitious) turbulent 
viscosity appearing in this relationship from the local turbul1ent kinetic energy k 
( = u1 uJ2) and its dissipation rate e. An equation governing k can be developed by 
multiplying the ui equation in Eq. (14.54) by ui , subtracting from this the equa­
tion formed by multiplying the u1 equation in Eq. (14.59) by u1, and phase• 
averaging the result. The equation so obtained is 

Dk a 
- = p(P - e) - - J" 
Dt OX1 

(14.61a) 

where Pis the rate of turbulence production per unit mass 

(14.61b) 

and J k represents diffusive transport. 
In the most commonly used two-equation k-e modelt all the unknown tur­

bulence quantities are modeled in terms of the turbulent velocity scale k112 and 
the turbulence length scale k 312 /e obtained from the definitio11l of the energy dissi­
pation rate, via 

kl/2 
eoc. -

1 
(14.62) 

The rationale is that the rate of energy dissipation is contr,olled by the rate at 
which the large eddies feed energy to the smaller dissipative :scales which in turn 
adjust to handle this energy. 60 

A turbulent viscosity µTis defined: 

(14.63) 

where C0 is a model constant. The turbulent stress term5i appearing in Eqs. 
(14.59) and (14.61) are then modeled in a quasi .. newtonian ma1nner : 

pu, uj = ½ pk011 + i µTV · iioi} - 2µT s,1 

where Sij is the strain rate of the u1 field : 

8 . = ! ( au, + ~) 
11 2 OX• OX• J I 

(14.64) 

(14.65) 
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The viscous-stress terms in the rn1omentum equations are evaluated using a new­
tonian constitutive relation. The turbulent-diffusion terms in the various trans­
port equations are modeled usin~: the turbulent diffusivity. The diffusing flux of a 
quantity </> is given by 

J __ µ T f}cp 
</)1 - (J,J, OX1 

(14.66) 

where <J.p is a turbulent Prandtl niumber for</>. 
The model is completed wi1th a transport equation fore. An exact equation 

can be developed by suitable manipulation of the Navier-Stokes equations. All e 
equation models are of the form610 

(14.67) 

where W is the source term and H 1 is the diffusive flux of pe which is modeled 
similarly to the other diffusion te1rms. The appropriate form of W is the subject of 
much debate. For an incompressible flow, W can be modeled adequately by 

( p) pe2 

W= - C +C -. -
2 i e k (14.68) 

C 1 and C2 are constants: the C2 term produces the proper behavior of homoge­
neous isotropic turbulence and the C 1 tenn modifies this behavior for homoge­
neous shear. However, for a flow with compressjon and expansion, an additional 
term in Eq. (14.68) is needed to account for changes in e produced by dilation. 
Several forms for this additional term have been proposed60• 62 (for example, 
C3 peV • ii) and compared. 63 The goal is to construct a W that predicts the appro• 
priate physical behavior under 1the relevant engine conditions. While different 
choices for modeling these terms do affect the results (especially the behavior of 
the turbulence length scale durin:g the cycle62

), the predictions of mean flow and 
turbulence intensity do not cliffer very signiiicantly.63 

One other FFM that has been applied to engines is the Reynolds stress 
model (RSM) which, in its most general form, comprises seven simultaneous 
partial differential equations for the six stress components and the dissipation 
rate e. This obviously imposes a much greater computing burden compared with 
the two-equation k-e model. Tht: limited results ava'.ilable64 indicate that RSM 
predictions of the flow field are closer to corresponding measured data than k-e 
model predictions.65 

The large-eddy simulation (LES) approach to turbulence modeling66 has 
also been applied to engines. Since here one calculates the large-scale three­
dimensional time-dependent flow structure directly, only the turbulence smaller 
in scale than the grid size need be modeled. Hence these are often referred to as 
subgrid-scale models. A new dependent variable q> which represents the kinetic 
energy per unit mass of the turbulent length scales that are too small to resolve in 
the mesh, is introduced. This variable satisfies a transport equation which con-
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tains terms for produ-Ction and decay of q and for its convection and diffusion. In 
the KIVA engine code,67 this equation has the form: 

a 
ot (pq) -1- V • (pqu) = - fpqV • U + 0: Vu+ V • (µVq) - CpL - lq3/2 + ~ 

(14.69) 

where a is the turbulent stress tensor, µ the turbulent viscosity, C a constant of 
order unity, and L a characteristic length on the order of twice the mesh spacing. 
~ is a source term representing the production of turbulence by the motion of 
fuel droplets in situations where fuel sprays are important. 

The pln.ysical meaning of the terms in Eq. (14.69) are as follows. The term 
V • (pqu) is lthe convection of the turbulence by the resolved {large-scale) velocity 
field. The term - f pqV • u is a compressibility term that is the turbulent analog 
of p dV work. The term a : Vu represents the production of turbulence by shear 
in the resolved velocity field ; V • (µVq) is the self-diffusion of the turbulence with 
diffusivity µ/ p. The term -CpL - 1q312 represents the decay of turbulent energy 
into thermal[ energy. This term appears with opposite sign as a source term in the 
thermal internal energy equatjon in place of a : Vu, which can be thought of as 
the rate at which kinetic energy of the resolved motions is dissipated by the 
turbulence. Before it is dissipated, the kinetic energy of the resolved velocity field 
is first converted into subgrid scale turbulent energy q, which is then converted 
into heat by the decay term CpL -J.q3' 2 .6 7 

Under most circumstances, the velocity and temperature boundary layers in 
an engine cylinder will be too thin to be resolved explicitly with a computing 
mesh that is practical on present-day computers. However, these layers are 
important because they determine the wall shear and heat flux which are essential 
boundary cionditions for the numerical simulation, and are of practical impor­
tance (see Secs. 8.3 and 12.6.5). Special submodels for these boundary layers, 
referred to as wall functions, are used to connect the wall shear stresses, heat 
fluxes, wall temperatures, etc., to conditions at the outer edge of the boundary 
layer. This removes the need to place grid points within the layer. Since the 
boundary layers are usually turbulent, the logarithmic "turbulent law of the 
wall" is commonly used. Key assumptions made are: that the finite difference 
mesh point nearest the wall lies in the law-of-the-wall region and that the law-of­
the-wall relation for steady flow past a plane wall is valid under engine cylinder 
conditions. While these may not be valid assumptions, it is not yet feasible to 
resolve the flow details within the boundary layer.68 

14.5.3 Nll1merical Methodology 

The three important numerical features of multidimensional methods are: the 
computatio111al grid arrangement, which defines the number and positions of the 
locations at which the flow parameters are to be calculated; the discretization 
practices usied to transform the differential equations of the mathematical model 
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into algebraic equations; and the solution algorithms employed to obtain the 
flow parameters from the discrete equations. 59• 65 

COMPUTING MESH. The requirements of the computing mesh are: 

1. It adequately fits the topography of the combustion chamber and/or inlet 
port, including the moving components. 

2. lt allows control of local resolution to obtain the maximum accuracy with a 
given number of grid points. 

3. It bas the property that each interior grid point is connected to the same 
number of neighboring points. 

The first requirement obviously follows from the need to simulate the effects of 
changes in engine geometry. The second requirement stems from the fact that 
computing time increases at least linearly with the number of mesh points. Thus 
it is desirable that the mesh allow c:oncentration of grid points in regions where 
steep gradients exist such as jets a1nd boundary layers. The third requirement 
comes from the need for the mesh tio be topologically rectangular in some trans­
formed space so that highly efficien1t equation solvers for such mesh systems can 
be utilized. 

Early engine models used a grid defined by the coordinate surfaces of a 
cylindrical~polar frame. Such an ap]Proach is adequate provided the combustion 
chamber walls also coincide with coordinate surf aces. This only occurs for a 
restricted number of practical chambers (e.g., disc and centered cylindrical bowl­
in-piston shapes); even for these, the inlet and exhaust valve circumferences 
would in general cut across the grid (see Fig. 14-29a). While procedures have 
been devised for modifying the difference equations for such grids to allow for 
noncoincident boundaries, the preferred approach is to employ some form of 
flexible "body-fitting" coordinate frame/grid whose surfaces can be shaped to the 
chamber geometry, as illustrated in Fig. 14-29b1 which shows a diesel engine 
combustion chamber fitted by a mesh which is orthogonal-curvilinear in the 
bowl. This enables the bowl shape to be accurately represented and the boundary 
layers on its surfaces to be resolved in greater detail. The region between the 
piston crown and cylinder head surfaces is fitted with a bipolar system which 
expands and contracts axially to accommodate the piston motion. The orthog­
onality constraint of this mesh limits its usefulness: the generation of orthogonal 
meshes for general three-dimensiona1l geometries is cumbersome and the resulting 
mesh often far from optimal. These problems are largely surmounted by 
"arbitrary" nonorthogonal lagrangian-eulerian meshes like that used in KIVA,67 

illustrated in Fig. 14-29c. This has tlhe additional advantage that the mesh points 
in the swept volume are not const1rained to move axially : their motion can be 
arbitrarily prescribed. 59 

DISCRETIZATION PRACTICES. These multidimensional engine flow models are 
time-marching programs that solve finite difference approximations to the gov-
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(a) 

Plan view 

(b) 

(c) 

FIGURE 14-29 

El vation view 

Different types of computing mesh arrangements for engine combustion chambers. (a) Cylindrical 
polar mesh: dashed line shows valve head ciroumference.65 (b) Body-fitted orthogonal curvilinear 
mesh fitted to DJ diesel combustion chamber bowl.69 (c) Arbitrary nonorthogonal lagrangian-eulerian 
(ALE) mesb for offset diesel combustion bowl.67 
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erning differential equations. The individual cells form1ed by the mesh or grid 
serve as the spatial framework for constructing these algebraic finite difference 
equations. The time variable is similarly discretized into a sequence of smal1 time 
intervals called time steps: the solution at time tn+i is calculated from the known 
solution at time t" . The spatial differencing is made conservative wherever pos­
sible. The procedure used is to difference the basic equations in integral form, 
with the volume of a typical cell used as the control vollume and the divergence 
terms transformed into surface integrals using the cliverge:nce theorem.67 

The discretized equations for any dependent variable </> are of the genera} 
form : 

Ap</>~+l = L An<f>~+l + s~.p VP+ Aj~<J>~ (14.70) 
n 

where the A's are coefficients expressing the combined influences of convection 
and diffusion, Sip, P VP is the source integral over the cell ·volume VP, the subscript 
p denotes a typical node point in the mesh, the summation L is over its (six) 
nearest neighbors, and the superscripts i + 1 and i denote "new" and "old " 
values, at times t + ot and t, respectively, where ot is the siize of the time step. 69 

Until recently all methods involved similar spatial approximations to calcu­
late convective and diffusive transport, using a blend of first-order upwind cliffer­
encing for the former and second-order central difforencing for the latter. 
Unfortunately_, all discretization practices introduce inaccuracies of some kind, 
and the standard first-order upwind scheme produces spatial diffusion errors 
which act in the same way as real diffusion to " smooth" the solutions. The 
magnitude of the numerical diffusion reduces as the m1esh density is increased, 
but even with as many as 50 mesh points in each coordinate direction, the effect 
is not eliminated. A recent development has been the introduction of " higher 
order" spatial approximations which, in the past, had a tendency to produce 
spurious extrema. This problem has been overcome by thle use of " flux blending ,, 
techniques. First-order upwind and higher-order approximations are blended in 
appropriate proportions to eliminate the overshoots of the latter. Even with these 
schemes, however, true mesh-independent solutions could not be achieved with 
densities of up to 50 nodes in each coordinate direction; ~;o there is still a need for 
further improvement. 65 

SOLUTION ALGORITHMS. Numerical calculations of compressible flows are 
inefficient at low Mach numbers because of the wide dis;parity between the time 
scales associated with convection and with the propa:gation of sound waves. 
While all methods use first-order temporal discretization and are therefore of 
comparable accuracy, they differ in whether forward or lbackward differencing is 
employed in the transport equations leading to implicit <>r explicit discrete equa­
tions, respectively. In explicit schemes, this inefficiency 1occurs because the time 
steps needed to satisfy the sound-speed stability conditio:n are much smaller than 
those needed to satisfy the convective stability condiition alone. In implicit 
schemes, the inefficiency manifests itself in the additional computational labor 
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needed to solve the implicit (simultaneous) system of equations: at each time step. 
This solution is usually performed by iterative techniques. 

The computing time requirements of these two approac:hes scale with the 
number of equations n and the number of mesh points m, as follows. For explicit 
methods1 computing time scales as nm, but the time step is limi1ted by the stability 
condition as summarized above. For implicit methods, computing time scales as 
n3m and .6t is only limited by accuracy considerations. 

One procedure used, a semi-implicit method, is the tircoustic subcycling 
method. All terms in the governing equations that are not ass()ciated with sound 
waves are explicitly advanced with a larger time step .6t similair to that used with 
implicit methods. The terms associated with acoustic waves (the compression 
terms in the continuity and energy equations and the pressure gradient in the 
momentum equation) are explicitly advanced using a smaller time step bt that 
satisfies the sound-speed stability criterion [Eq. (14.23)], and ,of which the main 
time step is an integral multiple. While this method works well in many IC 
engine applications where the Mach number is not unduly fow, it is unsuitable 
for very low Mach number flows since the number of subcycles (At/bt) tends to 
infinity as the Mach number tends to zero. For values of At/ot greater than 50 an 
implicit scheme becomes more efficient. Pressure gradient scali!ng can be used to 
extend the method to lower Mach numbers. The Mach number is artificially 
increased to a larger value (but still small in an absolute sense) by multiplying the 
pressure gradient in the momentum equation by a time-dependent scaling factor 
1/a(t)2, where a(t) > 1. This reduces the effective sound speed by the factor a. This 
does not significantly affect the accuracy of the solution because the pressure 
gradient in low Mach number flows is effectively determined_ by the flow field and 
not vice versa. Coupling pressure gradient scaling with acoustic subcycling 
reduces the number of subcycles by rx..67 

The implicit equations that result from forward differencing consist of 
simultaneous sets for all variables and thus require more elaborate methods of 
solution. However, they contain no intrinsic stability constraints. Fully iterative 
solution algorithms for solution of these equation sets are bi~ing replaced with 
more efficient simultaneous linear equation solvers.65 

14.5.4 Flow Field Predictions 

To illustrate the potential for multidimensional modeling oJf IC engine flows, 
examples of the output from such calculations will now be reviewed. A large 
amount of information on many fluid flow and state variables is generated with 
each calculation, and the processing, organization, and presentation of this infor­
mation are tasks of comparable scope to its generation! Flow field results are 
usually presented in terms of the gas velocity vectors at each grid point of the 
mesh in appropriately selected planes. Arrows are usually us:ed to jndicate the 
direction and magnitude (by length) of each vector. Examples of such plots- of 
the flow pattern in the cylinder during the intake process- are, shown in Fig. 14. 
30. 70 The flow field is shown 60° A TC during the intake stroke. A helical intake 
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FIGURE 14-30 
Computed velocity field within the cylinder at 60° ATC during the intake stroke. Top left : plane 
through cylinder and inlet valve axes. Bottom left: orthogonal plane !through valve axis. Right: 
circumferential-radial plane halfway between piston and cylinder head. Reference vector arrow corre­
sponds to velocity of l32 m/s. Letters denote centers of toroidal flow structures.70 

port is used to general swirl, and the flow through the valve curtain area (see Sec. 
6.3.2)-the inlet boundary condition for the calculation--was determined by 
measurement. The calculation used a curvilinear, axially expanding and contract­
ing grid with about 16,000 mesh points of the type shown in Fig. 14-29b. It 
employed a fully iterative solution algorithm with standard upwind differencing 
and the k-e turbulence model. Shown in Fig. 14-30 are the plane through the 
valve and cylinder axis (top left), the perpendicular plane through the valve axis 
(bottom left), and a circumferential radial plane halfway between the cylinder 
head and the piston (right). 

The major features of the conical jet flow through the inlet valve into the 
cylinder are apparent (see Sec. 8.1). However, the off-cylinder-axis valve and the 
swirl generated by the helical port produce substantial additional complexity. 
The letters on the figures show regions of local recirculati,on. Regions A and B 
correspond to the rotating flow structures observed in simpler geometries (see 
Fig. 8-3): however, regions CF indicate that the swirling motion is far from solid­
body rotation. 70 

Figures 14-31 and 14-32 show comparisons of threi~-dimensional predic­
tions of in-cylinder flow fields with data. The computational and experimental 
geometries have been matched, as have the inlet flow velocities through the valve 
open area and engine speed. Figure 14-31 shows predicted! and measured mean 
flow velocities and turbulence intensities within the cylinder, with a conventional 
inlet port and valve configuration, at 68° A TC during the intake stroke. 71 The 
experimental values come from LDA measurements (see S1~c. 8.2.2). The general 
features of the mean fl.ow are reproduced by the model with reasonable accuracy, 
though some details such as the flow along the cylinder toiward the head in the 
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FIGURE 14-31 
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(b) 

Comparison of (a) measured and predicted axial veJocity profiles and (b) measured and predicted 
turbulence intensity profiles at 68° A TC during the intake stroke. Data: line with points. Predictions; 
line without points. Each interval on the scale on cylinder axes corresponds to 2 times the mean 
piston speed.71 

(a) 72° ATC 

FIGURE 14-32 

Measurement 
'fl --<>-
u' • 

(b) 166° ATC 

Prediction 

Comparison between measured and predicted swirl velocities and turbulence intensities at 72 and 
166° ATC during the intake stroke. Engine equipped with helical port.59 
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symmetry plane are not predicted. The approximate magnitude of the turbulence 
intensity levels are predicted, but the values within the conical intake jet are 
underestimated. Figure 14-32 shows in-cylinder swirl veto.city predictions and 
measurements in an engine with a disc-shaped chamber and helical intake port, 
during the intake and compression strokes. Again the major features of the 
experimental profiles are predicted adequately, though differences in detail are 
significant. 59 

Comparative multidimensional modeling studies of different turbulence 
models, 63 differencing schemes, 59

• 
65 and number of grid points59 indicate the 

following. Differences in the form and coefficients of the dilation term in the k-e 
turbulence model have only modest effects on flow field predictions. Higher-order 
turbulence models might provide improved accuracy. 65 Both mesh refinement, 
more finely spaced grid points, and use of higher-order differencing schemes have 
been shown to improve significantly the accuracy of the predictions, often of 
course with substantial increases in computing requirements. 59 

Examples of predictions of other types of engine flow processes are the 
following. Squish flows into bowl-in-piston combustion c:hambers have been 
extensively analyzed. Figure 14-33a shows the flow field into and within an off­
axis bowl in piston at 20° BTC of the compression stroke. The strong radially 
inward squish flow at the bowl lip is apparent. However, the bowl-axis offset 
produces a stronger flow where the squish region is greatest in extent and results 
in a net flow across the bowl center plane and a complex flo,w pattern within the 
bowl. Turbulence intensity results are often displayed on contour pJots. Figure 
14-33b shows the turbulence intensity distribution within t:he bowl at TC after 
compression. The correspondence between high-velocity regions generated by the 
squish flow (Fig. 14-33a) and higher turbulence intensities is apparent. A substan­
tial variation in intensity throughout the bowl is predicted. Assimilation of 
detailed three-dimensional velocity data from individual two-dimensional planar 
vector maps is cumbersome: computer-generated three-dimensional perspective 
views of the velocity field are proving valuable.72 

An alternative method of displaying multidimensional model results, espe­
cially from three-dimensional calculations, is through particle~ traces. Infinitesimal 
particles are placed at key locations in the flow field at a given crank angle (e.g., 
at the start of the process of interest) and their trajectories are computed from the 
velocity field as a function of time through the process. Figure 14-34 shows the 
traces of four particles, initially located near the center of the entrance to a helical 
inlet port at 30° ATC, as they traverse the port. 73 The particle traces illustrate 
the mechanism by which a helical port generates swirl. A second example of 
particle traces (Fig. 14-35) within the cylinder during the intake stroke indicates 
the complexity of swirling flows with realistic port and valve geometries. 74 The 
figure shows the paths traced out by six particles, initially evenly spaced around 
the valve curtain area at TC at the start of the intake proce:ss, during the intake 
stroke with a tangentially directed inlet port. While all the particles follow a 
helical path within the cylinder, the steepness of these paths varies substantially 
depending on the initial location of each particle. 
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FlGURE 14-33 
(a) Predicted velocity flow field within the offset bowl of DI diesel chamber in two orthogonal planes 
through the bowl center, at 20° BTC toward end of compression. Reference vector = 45 m/s. (b) 
Predicted relative turbulence intensity 11'/S0 within the bowl in the same two planes at TC at the end 
of compression. Numbered contours show fraction of maximum value. 72 

Multidimensional models also provide local composition information. 
Studies have been done of two-stroke cycle scavenging flows (e.g., Ref. 75) and of 
the mix.ing between fresh mixture and residual gases in four-stroke cycle engines 
(e.g., Ref. 76). Fi;gure 14-36 shows how the mixing between fresh fuel and air, and 
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FIGURE 14-34 
Computed trajectories of gas particles moving through a helical inlet port during the intake process. 
Particles initially located near center of port at 30° ATC. 73 

residual gases, proceeds during the intake and compressiou1 strokes of a spark­
ignition engine four-stroke cycle. Concentrations (defined a:, fresh mixture mass/ 
total mixture mass) at different locations within the cylindm are plotted against 
crank angle (z = 2 is near the head, z = 7 near the piston; y = 2 is near the 
cyHnder axis, y = 7 near the cylinder liner). A relatively lon,g time is required for 
the fresh and residual gases to mix and at 30° BTC there is still several percent 

FIGURE 14-35 
Computed trajectories tra1ced out during the intake 
stroke by siJC gas particles initially evenly spaced 
around the valve curtain area at TC at the start of 
the intake process, with a tangentially directed inlet 
port. Cylinder shown with piston at BC, at the end 
of the intake stroke.14 
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FIGURE 14-36 
Computed concentration distribution of fresh fuel-air mixture and residual gas within the cylinder 
during the intake arnd compression stroke of a spark-ignition engine. Concentration exp.res.sed as fresh 
mixture mass/total mixture mass. z = 2 is near the cyllnder head, z = 7 near the piston; y = 2 near 
the cylinder axis, y ,= 7 near the cylinder liner; x = 7 along the radius passing beneath the inlet valve. 
2000 rev/min and wide-open throttle.76 

nonuniformity. At part load with its higher residual fraction, one would expect 
these differences, to be larger. 76 

14.S.S Fuel Spray Modeling 

The physical belhavior of liquid fuel sprays when injected into the engine cylinder, 
as occurs in compression-ignition (or stratified-charge) engines, has already been 
described in Sec:. 10.5. Here the current status of models for such spray behavior 
which are used with multidimensional models of gas motion within the cylinder 
are reviewed. Fuel-injected internal combustion engines present a particularly 
difficult problem for numerical simulation. The fuel spray produces an inhomoge­
neous fuel-air mixture: the spray interacts with and strongly affects the flow pat­
terns and temperature distribution within the cylinder. The fuel is injected as 
liquid, it atomiz:es into a large number of small droplets with a wide spectrum of 
sizes, the dropl,ets disperse and vaporize as the spray moves through the sur­
rounding air, d:roplet coalescence and separation can occur, gaseous mixing of 
fuel vapor and air then takes place, foltowed, finaUy, by combustion. Models 
which explicitly treat the two-phase structure of this spray describe the spray 
behavior in terms of differential conservation equations for mass, momentum, 
and energy. 

Two such classes of model exist, usually called the continuum droplet 
model (CDM) amd the discrete droplet model (DDM). Both approaches average 
over flow processes occurring on a scale comparable to the droplet size, and thus 
require indepen1dent modeling of the interactions occurring at the gas droplet 
interface: typicatlly this is done with correlations for droplet drag and heat and 
mass transfer. The CDM attempts to represent the motion of all droplets via an 

I 

I 

II 

I 
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eulerian partial differential spray probability equation containing, in its most 
general case, eight independent variables: time, three spatial coordinates, droplet 
radius and the three components of the droplet velocity vector. This approach 
imposes enormous computational requirements. The DDM uses a statistical 
approach; a representative sample of individual droplets, each droplet being a 
member of a group of identical non-interacting droplets termed a "parcel," is 
tracked in a Jagrangian fashion from its origin at the injector by solving ordinary 
differential equations of motion which have time as the independent variable. 

This latter type of model is used in engine spray analysis. 77 • 7 8 Droplet 
parcels are introduced continuously throughout the fuel-injection process, with 
specified initial conditions of position, size, velocity, number of droplets in the 
parcel prescribed at the "zone of atomization' according to an assumed or 
known size distribution, initial spray angle, fuel-injection rate, and fuel tem­
perature at the nozzle exit. The values of these parameters are chosen to rep­
resent statistically all such values within the spray. They are then tracked in a 
lagrangian fashion through the computational mesh used for solving the gas­
phase partial differential conservation equations. 

The equations describing the behavior of individual droplets are 79 

(14.71) 

{14.72) 

(14.73) 

where x,. is the position vector for droplet k and U1c its velocity, m1c is the droplet 
mass and P1c the droplet density, u is the gas velocity, h1c the droplet specific 
enthalpy, lJ1c the heat-transfer rate from the gas to the droplet, and h., the specific 
enthalpy of fuel vapor. F D,k is the droplet drag function: 

(14.74) 

where r1c is the droplet radius, µ and p the gas viscosity and density, and CD is the 
drag coefficient. F D.k is the sum of the Stokes drag and the form drag, and in the 
laminar limit where CD= 24/Re with Re= 2r1cp l u - u" I/µ it goes to 61tr1cµ, 

An equation for the evaporation rate completes this set : it is usually 
assumed that the droplet is in thermal equilibrium at its wet-bulb temperature, 
r;,. Then a balance between heat transfer to the droplet and the latent heat of 
vaporization carried away by the fuel vapor exists: 

dm" . 
(h., - Ii") dt = - qk (14.75) 

While a large portion of the droplet lifetime is spent in this equilibrium, terms 
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can be added to Eq. (14.75) so that it describes the heat-up phase where the 
droplet temperature increases from its initial value to '.I;. 79 The heat and mass 
exchange rates are calculated from experimentally based correlations for droplet 
Nusselt and Sherwood numbers as functions of Reynolds, Pran1dtl, and Schmidt 
numbers.77

• 
80 

Account must now be taken of the two-way nature of the ,coupling between 
the gas and the liquid. The gas velocity, density, temperature:, and fuel vapor 
concentration required for solving the droplet equations are taken from the 
values prevailing in the grid cell in which the droplet parcel resides. At the same 
time, a field of "sources " is assembled for the interphase mass, momentum, and 
energy transfer, and these are subsequently fed back into the g;as-phase solution 
preserving conservation between phases. 81 The gas-phase mass, momentum, and 
energy conservation equations require additional terms to account for the dis­
placement effect of the particles, the density change associated with mixing with 
the fuel vapor, the drag of the droplets, the initial momentum difference and 
enthalpy difference between evaporated fuel at the drop surface and the sur­
rounding gas, and heat transfer to the droplet. 79 

The above treatment is limited to 1
' thin sprays" where the droplets are 

sufficiently far apart for interparticle interactions to be unimportant. This 
assumption is not valid in the immediate vicinity of the injector or in narrow 
cone sprays. In such "thick sprays,, interparticle interactions--collisions which 
can result in coalescence or in reseparation of droplets-are imp,ortant. 

The most complete models of atomized fuel sprays represe,nt the spray by a 
Monte Carlo-based cliscrete-particle technique.67 • 80 The spray is described by a 
droplet distribution function-a droplet number density in a phase space of 
droplet position, velocity, radius, and temperature. The development of this dis­
tribution function is determined by the so-called spray equation.80 The distribu­
tion function is statistically sampled and the resulting discrete particles are 
followed as they locally interact and exchange mass, momentum, and energy with 
the gas, using the above lagrangian droplet equations. Each dis,crete droplet rep­
resents a group or parcel of droplets. Droplet collisions are described by appro­
priate terms in the spray equation. 

Figure 14-37 shows the type of results such spray models can generate. The 
calculation involves a direct-injection stratified-charge engin,e with an offset 
bowl-in-piston combustion chamber and a tilted injector. lnj(:ction of a single 
hollow-cone fuel spray commences at 52° BTC. Figure 14-37a and b shows the 
fuel spray at 39° BTC at the end of injection and later, at 28° BTC, just before 
combustion. Of the 2000 computational particles injected (e:acb representing 
some number of identical physical droplets), 1218 remain at 39" BTC and 773 at 
28° BTC. Evaporation and coalescence have caused these decreases. Figure 
14-37c shows the gas velocity vectors at the end of injection: th•: flow field set up 
by momentum exchange with the injected fuel spray can be see11, and the highest 
velocities exist in the spray region. Figure 14-37d shows the equivalence ratio 
contours at 28° BTC just prior to ignition. The highly nonh.omogeneous fuel 
vapor distribution within the bowl is evident 67

•
82 
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(a) 

(b) 

FIGURE 14-37 

(c) 

(d) 

Predictions of single hollow-cone fuel spray behavior in direct-injection stratified-charge engine. Injec­
tion commences at 52° BTC with 2000 computational particles. (a) Location of 1218 remaining spray 
particles at 39° BTC at the end of injection. (b) Location of 773 spray particles at 28° BTC, just before 
combustion. (c) Gas velocity vectors at the end of injection at 39° BTC. (cl) Fuel/air equivalence ratio 
contours just prior to ignition at 28° BTC. The L contour is tJ, =- 0.5, the contour interval &(/, 1s 0.5. 82 

14.5.6 Combustion Modeling 

In numerical calculations of reacting flows, computer time and storage con­
straints place severe restrictions on the complexity of the reaction mechanisms 
that can be incorporated. While it is feasible to include detailed chemical mecha­
nisms for combustion of hydrocarbon-air mixtures in one-dimensional calcu­
lations, it becomes increasingly impractical to attempt such complexity in two­
and three-dimensional studies. Accordingly, engine calculations have been forced 
to use greatly simplified reaction schemes. In addition, detailed reaction schemes 
are only available for the simpler hydrocarbon fuels (e.g., methane, propane, 
butane) : for higher hydrocarbon compounds and practical fuels which are blends 
of a large number of hydrocarbons, the detailed mechanisms have yet to be 
defined. Accordingly, multidimensional engine calculations have used highly sim­
plified chemical kinetic schemes, with one or at most a few reactions, to represent 
the combustion process. While such schemes can be calibrated with experimental 
data to give acceptable results over a limited range of engine conditions1 they 
lack an adequate fundamental basis. 

The most common practice has been to assume the combustion process, 
fuel + oxidizer ➔ products, is governed by a single rate equation of an Arrhenius 
form: 

R A 2 a b ( E,.) 
f = p x f xo.,, exp - RT (14.76) 

where RI is the rate of disappearance of unburned fuel, x I and x0 .,, are unburned 
fuel and oxidizer mass fractions, /{ is the universal gas constant, and a, b, A. and 
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E,. are constant!, (usually a and b are taken to be unity, or to be 0.5). Values for 
the preexperime1ntal factor A and activation energy E,. are obtained by matching 
to experimentally determined rates of burning. 

While this approach " works" in the sense that, when calibrated, its predic­
tions can show reasonable agreement with data, it has three major problems. The 
first is the presumption that the complex hydrocarbon fuel oxidation process can 
be adequately rnpresented by a single (or limited number oO overall reaction(s). 
The fact that it is usually necessary to adjust the constants in Eq. (14.76) as 
engine design antd operating parameters change is one indication of this problem. 
Second, Eq. (14.76) uses local average values of concentrations and temperatures 
to calculate the local reaction rate, whereas the instantaneous local values will 
actually determiine the reaction rate. These two rates will only be equal if the 
reaction time sc:ale is much longer than that of the turbulent fluctuations, which 
is not the case in engine combustion. Third, the implied strong dependence of 
burning rate 001 chemical kinetics is at variance with the known experimental 
evidence on engilne combustion (see Secs. 9.3.2 and 10.3). The effects of turbulence 
on the burning irate, apart from the augmentation of the thermal and mass diffu­
sivities, are not represented by equations of the form of(14.76).83• 84 

An alternative, equally straightforward, approach assumes that turbulent 
mixing is the rate-controlling process : the kinetics are sufficiently fast for chem­
istry modeling to be unimportant. Thus reactions proceed instantly to com­
pletion once mi1ting occurs at a molecular level in the smaller-scale eddies of the 
turbulent flow ; the rate-controlling process is then the communication between 
and decay of the large-scale eddies. Thus the reaction rate is inversely pro­
portional to the turbulent mixing time -r r ( = lifu') which is equated to k/e. 
Whether fuel or oxygen concentration is limiting, and the need for sufficient hot 
products to ensure flame spreading are also incorporated. For extremely lean (or 
rich) mixtures, the reaction may become kinetically controlled. A choice between 
Eq. (14.76) and the above mixing-contro1led model can be made depending on 
whether the ratio of a chemical reaction time to the turbulent mixing time is 
greater or less than unity.8 3

• 84 

An example of a two•dimensionaJ calculation of flame propagation in a 
premixed-charge spark-ignition engine illustrates the type of results which have 

- 100 15° 

FJGURE 14-38 
Isothenns and velocity vectors during the combustion process in premixed spark-ignition engine 
predicted by two-dilfDensiona1 computational fluid dynamic code. Points show ionization probe loca• 
tions in the cylinder head in corresponding experiment: open symbols are before flame arrival; filled 
symbols are after flame arrival. Crank angle values are relative to TC = 0°.85 
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been generated to date. Figure 14-3885 shows computed constant-temperature 
lines and velocity vectors, looking down on the piston, as the flame develops 
from the spark. The points show ionization probe locations: open symbols 
denote prior to and closed symbols after flame arrival. A combustion model of 
the form of Eq. (14.76) was used and results in a thick" turbulent" flame with an 
approximately cylindrical front surface. Flame front propagation speeds are ade­
quately prc~dicted; the flame is not modeled in sufficient detail to describe its 
actual structure (see Sec. 9.3.2). Practical use is now being made of these com­
bustion codes for both spark-ignition engine (e.g., Refs. 83, 86, and 87) and 
compression-ignition engine studies. 84• 88 
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CHAPTER 

15 
ENGINE 

OPERATING 
CHARACTERISTICS 

This chapter reviews the operating characteristics of the common types of spark­
ignition and compression-ignition engines. The performance, efficiency, and emis­
sions of these engines, and the effect of changes in major design and operating 
variables, are related to the more fundamental material on engine combustion, 
thermodynamics, fluid flow, heat transfer, and friction developed in earlier chap­
ters. The intent is to provide data on, and an explanation of, actual engine oper­
ating characteristics. 

15.1 ENGINE PERFORMANCE 
PARAMETERS 

The practical engine performance parameters of interest are power, torque, and 
specific fuel consumption. Power and torque depend on an engine's displaced 
volume. In Chap. 2 a set of normalized or dimensionless performance and emis­
sions parameters were defined to eliminate the effects of engine size. Power, 
torque, and fuel consumption were expressed in terms of these parameters (Sec. 
2.14) and the significance of these parameters over an engine's load and speed 
range was discussed (Sec. 2.15). Using these normalized parameters1 the effect of 
engine size can be made explicit. The power P can be expressed as: 

P = mep APSP/4 

P = mep ApSp/2 

(four-stroke cycle) 

(two-stroke cycle) 
(15.1) 

823 
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The torque T is given by 

T = mep VJ(4n) 

T = mep Y.i/(2n) 

(four-stroke cycle) 

(two-stroke cycle) 
(15.2) 

Thus for well-designed engines, where the maximum values of mean effective 
pressure and piston speed are either flow limited (in naturally aspirated engines) 
or stress limited (in turbocharged engines), power is propor1ional to piston area 
and torque to displaced volume. Mean effective pressure can be expressed as 

mep = '11'111QHv Pa.{:) (15.3) 

for four-stroke cycle engines [Eq. (2.41)], and as 

mep = 'lr'l,r AQHv Pa.{:) (15.4) 

for two-stroke cycle engines [Eqs. (2.19), (2.38), and (6.25)],. The importance of 
high fuel conversion efficiency, breathing capacity, and inlet. air density is clear. 
Specific fuel consumption is related to fuel conversion efficiency by Eq. (2.24): 

1 
sfc = --

r11QHv 
(15.5) 

These parameters have both brake and indicated values (se:e Secs. 2.3, 2.4, and 
2.5). The difference between these two quantities is the e111gine1s friction (and 
pumping) requirements and their ratio is the mechanical efficiency 'Im. 

The relative importance of these parameters varies over an engine's oper~ 
ating speed and load range. The maximum or normal rated brake power (see Sec. 
2.1) and the quantities such as bmep derived from it (see Sec. 2.7) define an 
engine's full potential. The maximum brake torque (and bmep derived from it), 
over the full speed range, indicates the ability of the designer to obtain a high air 
flow through the engine over the full speed range and use. that air effectively. 
Then over the whole operating range, and most especially those parts of that 
range where the engine will operate for long periods of time, engine fuel con­
sumption and efficiency, and engine emissions are important. Since the operating 
and emissions characteristics of spark-ignition and compression-ignition engines 
are substantially differentt each engine type is dealt with sepa:rately. 

15.2 INDICATED AND BRAKE POWER 
AND MEP 
The wide-open-throttle operating characteristics of a produiction spark-ignition 
automotive engine are shown in Fig. 15-1. The power showin is the gross power 
for the basic engine; this includes only the built-in engine accessories.2 The 
maximum net power for the fully equipped engine with the 1complete intake and 
exhaust system and full cooling system is about 14 percent llower. The indicated 
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power was obtained by adding the friction power to the brake power; it is the 
average rate of work transfer from the gases in the engine cylinders to the pistons 
during the compression and expansion strokes of the engine cycle (see Sec. 2.4). 
The indicated mean effective pressure shows a maximum in the engine's mid­
speed range, just below 3000 rev/min. The shape of the indicated power curve 
follows from the imep curve. Since the full-load indicated specific fuel consump­
tion (and hence indicated fuel conversion efficiency) varies little over the full 
speed range, this variation of full-load imep and power with speed is primarily 
due to the variation in volumetric efficiency, r,11 [see Eq. (15.3)]. Since friction 
mean effective pressure increases almost linearly with increasing speed, friction 
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power will increase more rapidly. Hence mechanical efficiency decreases with 
increasing speed from a maximum of about 0.9 at low speed to 0.7 at 5000 rev/ 
min. Thus bmep peaks at a lower speed than imep. The brake power shows a 
maximum at about 4300 rev/min; increases in speed above this value result in a 
decrease in Pb. The indicated fuel conversion efficiency increases by about 10 
percent from 0.31 to 0.34 over the speed range 1000 to 4000 rev/min. This is 
primarily due to the decreasing importance of heat transfer per cycle with 
increasing speed. 

At part load at fixed throttle position, these parameters behave similarly; 
however, at higher speeds torque and mean effective pressure decrease more 
rapidly with increasing speed than at full load. The throttle chokes the flow at 
lower and lower speeds as the throttle open area is reduced, increasingly limiting 
the air flow (see Fig. 7-22). The pumping component of total friction also 
increases as the engine is throttled, decreasing mechanical efficiency (see Figs. 
13-9 and 13-10). 

Figure 15-2 shows full-load indicated and brake power and mean effective 
pressure for naturally asp_irated DI and IDI compression-ignition engines. Except 
at high engine speeds, brake torque and mep vary only modestly with engine 
speed since the intake system of the diesel can have larger flow areas than the 
intake of SI engines with their intake-system fuel transport requirements. The 
part-load torque and bmep characteristics (at fixed amount of fuel injected per 
cycle) have a similar shape to the full-load characteristics in Fig. 15-2. The 
decrease in torque and bmep with increasing engine speed is due primarily to the 
increase in friction mep with speed (see Figs. 13-7, 13-11, and 13-12). Decreasing 
engine heat transfer per cycle and decreasing air-flow rate, as speed increases, 
have modest additional impacts. 

15.3 OPERATING VARIABLES THAT 
AFFECT SI ENGINE PERFORMANCE, 
EFFICIENCY. AND EMISSIONS 

The major operating variables that affect spark-ignition engine performance, effi­
ciency, and emissions at any given load and speed are : spark timing, fuel/air or 
air/fuel ratio relative to the stoichiometric ratio, and fraction of the exhaust gases 
that are recycled for NOx emission control. Load is, of course, varied by varying 
the inlet manifold pressure. The effect of these variables will now be reviewed. 

15.3.1 Spark Timing 

Figure 9-3 and the accompanying text explain how variations in spark timing 
relative to top-center affected the pressure development in the SI engine cylinder. 
If combustion starts too early in the cycle, the work transfer from the piston to 
the gases in the cylinder at the end of the compression stroke is too large; if 
combustion starts too late, the peak cylinder pressure is reduced and the expan-
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sion stroke work transfer from the gas to the piston decreases. There exists a 
particular spark timing which gives maximum engine torque at fixed speed, and 
mixture composition and flow rate. It is referred to as MEIT-maximum brake 
torque-timing. This timing also gives maximum brake power and minimum 
brake specific fuel consumption. Figure 15-3a shows the effect of spark advance 
variations on wide-open-throttle brake torque at selected speeds between 1200 
and 4200 rev/min for a production eight-cylinder engine. At each speed, as spark 
is advanced from an initially retarded setting, torque rises to a maximum and 
then decreases. MBT timing depends on speed; as speed inct'eases the spark must 
be advanced to maintain optimum timing because the duration of the com­
bustion process in crank angle degrees increases. Optimu1i11 spark timing also 
depends on load. As load and intake manifold pressure are decreased, the spark 
timing must be further advanced to maintain optimum engine performance. 

The maximum in each brake torque curve in Fig. 15-:3a is quite flat. Thus 
accurate determination of MBT timing is difficult, but is important because NO 
and HC emissions vary significantly with spark timing. In practice, to permit a 
more precise definition of spark timing, the spark is often retarded to give a 1 or 
2 percent reduction in torque from the maximum value. 

In Fig. 15-3a the mixture composition and flow rate were held constant at 
each engine speed. If the mixture fl.ow rate is adjusted to maintain constant brake 
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torque, the effect of spark timing variations on fuel consumption at constant 
engine load can be evaluated. Figure 15-3b shows results obtained with a com­
puter simulation of the engine operating cycle.6

• 
7 The curves fior several different 

part-load operating conditions and burn durations (from fast 1to slow) have been 
normalized and fall essentially on top of each other. Five degrees of retard in 
spark timing have only a modest effect on fuel consumption; for 10 to 20° retard, 
the impact is much more significant. 

Spark timing affects peak cylinder pressure and therefore peak unburned 
and burned gas temperatures (see Sec. 9.2.1). Retarding spark timing from the 
optimum reduces these variables. Retarded timing is sometimes used therefore for 
NO.x emission control (see Fig. 11-13 and accompanying t1:xt) and to avoid 
knock (see Sec. 9.6.1). The exhaust temperature is also affected by spark timing. 
Retarding timing from MBT increases exhaust temperature:; both engine effi­
ciency and heat loss to the combustion chamber walls (see Fig. 12-27) are 
decreased. Retarded timing is sometimes used to reduce hydrocarbon emissions 
by increasing the fraction oxidized during expansion and exhaust due to the 
higher burned gas temperatures that result (see Sec. 11.4.3). Retarded timing may 
be used at engine idle to bring the ignition point closer to TC where conditions 
for avoiding misfire are more favorable. 

15.3.2 Mixture Composition 

The unburned mixture in the engine cylinder consists of fuel (normally 
vaporized), air, and burned gases. The burned gas fraction is the residual gas plus 
any recycled exhaust used for NO control. Mixture composition during com­
bustion is most critical, since this determines the development of the combustion 
process which governs the engine's operating characteristics. While substantial 
efforts are made to produce a uniform mixture within the cylinder, some nonuni­
formities remain (see Sec. 9.4.2). In a given cylinder, cycle-by-•cycle variations in 
average charge composition exist. Also, within each cylinder in a given engine 
cycle, the fuel, air, EGR and residual gas are not completely mixed, and com­
position nonuniformities across the charge may be significaD1t.t These together 
produce variations in composition at the spark plug location (the critical region 
since the early stages of flame development influence the rest of the combustion 
process} which can be of order + 10 percent peak-to-peak (see Fig. 9-34). In addi .. 
tion, in multicylinder engines, the average air, fuel, and EGR flow rates to each 
cylinder are not identical. Typical cylinder-to-cylinder variations have standard 
deviations of + 5 percent of the mean for air flow rate and fuel flow rate (giving a 

t This aspect of mixture nonuniformity is least well defined. Mixing of the fres:h mixture (fuel, air, and 
EGR) with residual gas is likely to be incomplete (see Fig. 14--36), especially at light load when the 
residual gas fraction is highest. With intake-port fuel-injection systems, there is evidence of incomplete 
fuel-air mixing due to the fact that the air flow and fuel fl.ow processes are not in phase.9 When the 
engine is cold, fuel distribution within the cylinder is known to be nonuniform. 

Page 863 of 966



830 INTERNAL COMBUSTION ENGINE FUNDAMENTALS 

+ 7 percent variation in the air/fuel ratio) for steady.state engine operation, EGR 
cylinder-to-cylinder flow rates may have higher variability. Under unsteady 
engine opera.ting conditions all these variations can be higher. 

It is rn!cessary to consider the effect of mixture composition changes on 
engine operating and emissions characteristics in two regimes: (1) wide-open 
throttle (WOT) or full load and (2) part throttle or load. At WOT, the engine air 
ft.ow is the maximum that the engine will induct.t Fuel flow can be varied, but air 
flow is set by engine design variables and speed. At part throttle, air flow, fuel 
flow, and EGR flow can be varied. Evaluation of mixture composition changes at 
part load should be done at fixed (brake) load and speed, i.e., under conditions 
where the engine provides the desired torque level at the specified speed. To 
maintain torque (or load or bmep) constant as mixture composition is varied 
normally requires changes in throttle setting (and if EGR is varied, changes in 
EGR flow-control valve setting). This distinction between part-load comparisons 
at specified torque or bmep, rather than at constant throttle settings (which gives 
essentially constant air flow), is important because the pumping work component 
of engine friction will vary at constant engine load as mixture composition 
changes. At <;onstant throttle setting and speed, the pumping work remains essen­
tially unchari1ged. 

AIR/FUEL OtR EQUIVALENCE RATIO CHANGES. Mixture composition effects 
are usually discussed in terms of the air/ fuel ratio (or fuelfair ratio) because in 
engine testsi the air and fuel flow rates to the engine can be measured directly and 
because the fuel metering system is designed to provide the appropriate fuel flow 
for the actual air flow at each speed and load. However, the relative proportions 
of fuel and a.ir can be stated more generally in terms of the fuel/air equivalence 
ratio </> [the actual fuel/air ratio normalized by dividing by the stoichiometric 
fuel/air ratio, see Eq. (3.8)] or the relative air/fuel ratio 1 [see Eq. (3.9)]. The 
combustion i;;haracteristics of fuel-air mixtures and the properties of combustion 
products, w11lich govern engine performance, efficiency, and emissions, correlate 
best for a wide range of fuels relative to the stoichiometric mixture proportions. 
Where appropriate, therefore, the equivalence ratio will be used as the defining 
parameter. Equation (7.1) converts the air/fuel ratio with gasoline to the equiva­
lence ratio. 

The theoretical basis for understanding the effect of changes in the equiva­
lence ratio is: the fuel-air cycle results in Figs. 5-9 and 5-10, where the indicated 
fuel conversion efficiency and mean effective pressure are shown as a function of 
the fuel/air e1quivalence ratio, <J>. The mean effective pressure peaks slightly rich of 
stoichiometrilc, between </> = 1 and 1.1. Due to dissociation at the high tem­
peratures following combustion. molecular oxygen is present in the burned gases 
under stoichfometric conditions, so some additional fuel can be added and par-

t EGR is norm1:11ly zero at WOT, since maximum torque is usually desired. 
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tially burned. th·s increases the temperature and the number of moles of the 
burned gases in the cylinder. These effects increase the pressure to give increased 
power and mep. Fuel conversion efficiency decreases approximately as 1/</>, as the 
mixture is richened above stoichiometric (</> > 1) due to the decreasing com­
bustion efficiency associated with the richening mixture. 

For mixtures lean of stoichiometric, the theoretical fuel conversion effi­
ciency increases linearly as </> decreases below 1.0. Combustion of mixtures leaner 
than stoichiometric produces products at lower temperature, and with less disso­
ciation of the triatomic molecules CO2 and H 20. Thus the fraction of the chemi­
cal energy of the fuel which is released as sensible energy near TC is greater; 
hence a greater fraction of the fuel's energy is transferred as work to the piston 
during expansion, and the fraction of the fuel's available energy rejected to the 
exhaust system decreases (see Sec. 5. 7). There is a discontinuity in the fuel conver­
sion efficiency and imep curves at the stoichiometric point; the burned gas com­
position is substantially different on the rich and the lean sides of <p = 1. 

Figure 15-4 shows gross indicated specific fuel consumption data for a six­
cylinder spark-ignition engine at wide-open throttle and 1200 rev/min,9 and 
values of gross indicated mean effective pressure and fuel conversion efficiency 
derived from the isfc data. In these engine tests, the fuel-air mixture was prepared 
in two different ways: (1) with the normal carburetor and (2) with a heated vapor­
izing tank to ensure intake-mixture uniformity. Shapes of the practical efficiency 
curves and the theoretical curves in Fig. 5-9 differ. Cylinder-to-cylinder air/fuel 
ratio maldistributlon prevents the carbureted engine operating leaner than 
<J> ~ 0.85 (A/F ~ 17) without misfire under these conditions. While use of a fueJ 
vaporizing and mixing tank essentially removes this maldistribution and extends 
the lean misfire limit, r, r. i does not continue to increase as </> decreases. The 
reasons for this are that cycle-to-cycle pressure fluctuations and the total dura-
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FIGURE 15-5 
Effect of combustion chamber design 
and burn rate on spark-ignition engine 
brake specific fuel consumption. (a) 
l.6-dm3 four-cylinder engine with cou­
ventional combustion chamber and 
l.5-dm3 four-cylinder engine with 
compact fast-burning hlgh-compression­
ratio chamber beneath the exhaust valve 
with r, = 13, both at bmep of 250 kPa 
and 2400 rev/min. 10 (b) Predictions from 
thermodynamic-based computer simula­
tion of engine cycle for 5.7-dm3 eight­
cylinder engine at bmep of 325 kPa and 
1400 rev/min with MBT spark timing.6 

tion of the burning process increase as the mixture becomes leaner : both these 
factors degrade engine efficiency. Since the spark advance is set for the average 
cycle, increasing cycle-to-cycle dispersion produces increasing imep (and hence 
rt 1, ;) losses in "nonaverage" cycles due to nonoptimum timing. The lengthening 
burn duration directly decreases efficiency, even in the absence of cyclic varia­
tions. 

Engine fuel consumption and efficiency well lean of stoichiometric depend 
strongly on the engine combustion chamber design. Figure 15-5 shows two sets 
of engine bsfc data. for a conventional combustion chamber and a compact high­
compression-ratio chamber, at constant load and speed (250 kPa bmep and 
2400 rev/min) as a function of equivalence ratio. Also shown are bsfc results 
obtained from a thermodynamic-based computer cycle simulation of the spark­
ignition engine operating cycle (at 325 kPa bmep and 1400 rev/min).6 Though 
the load and speed are different, the behavior of the data and predictions for rich 
mixtures, <I> > 1, are comparable. On the lean side of stoichiometric, however, fuel 
consumption depends on the combustion characteristics of the chamber. The 
faster-burning compact high-compression-ratio chamber shows decreasing bsfc 
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until the lengthening burn duration and larger cycle-by-cycle variations cause 
bsfc to increase. For the slower-burning conventional chamber, this deterioration 
in combustion starts to occur almost immediately on the lean side of stoichiomet­
ric, and fuel consumption worsens for </> ::;;- 0.9. 

Thus the equivalence ratio for optimum fuel consumption at a given load 
depends on the details of chamber design (including compression ratio) and 
mixture preparation quality. It also varies for a given chamber over the part­
throttle load and speed range. For lighter loads and lower speeds it is closer to 
stoichiometric since the residual gas fraction is higher and combustion quality is 
poorer with greater dilution and at lower speeds. 

At part load., as the air/fuel ratio is varied at constant brake load, the 
pumping work varies, and this also contributes to the brake specific fuel con­
sumption and efficiency variation with equivalence ratio. Figure 15-6 shows the 
gross and net indicated fuel conversion efficiencies and brake efficiency as a func­
tion of equivalence ratio at a part-throttle constant load and speed point 
(325 kPa bmep and 1400 rev/min), calculated using a thermodynamic-based com­
puter simulation of the engine's operating cycle. The difference between the net 
and gross indicated curves illustrates the magnitude of the effect of the pumping 
work changes. Part-throttle comparisons of different operating conditions should 
be done at constant brake load (torque or bmep) and speed: the task the engine 
is required to perform is then the same. At constant bmep and speed, the mecha­
nical rubbing friction is essentially fixed; thus net imep is constant (and gross 
imep will vary if the pumping mep varies). 

Note that all the engine data show a smooth transition between the rich and 
lean characteristics at the stoichiometric point, whereas the calculated sfc and 
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efficiency characteristics show a discontinuity in slope. The difference is due to 
cylinder-to-cylinder and cycle-by-cycle mixture composition variations 7 and to 
cycle-by-cycle cylinder pressure variations which exist (though to a lesser extent) 
even in the absence of these mixture variations. Averaging over these variations 
smooths out the theoretical discontinuity in slope at ¢ = 1.0 .. 

The equivalence ratio requirements of a spark-ignition engine over the full 
load and speed range can now be explained from the point of view of per­
formance and efficiency. However, since emissions depend on <I> also, emission 
control requirements may dictate a different engine calibr:ation, as will be dis­
cussed later. The mixture requirements in the induction system are usually dis­
cussed in relation to steady and transient engine operation. Steady operation 
includes operation at a given speed and load over several engine cycles with a 
warmed-up engine. Transient operation includes engine starting, engine warm-up 
to steady-state temperatures, and changing rapidly from one engine load and 
speed to another. The mixture requirements of the engine as defined by the com­
position of the combustible mixture at the time of ignition, while they vary some­
what with speed and load, are essentially the same for all the:se operating modes. t 
However, the methods used to prepare the mixture prior,to entry to the cylinder 
must be modified in the transient modes when liquid fuels are used, to allow for 
variations in the liquid fuel flow and fuel evaporation rate in the intake manifold 
as the air flow varies and as the manifold and inlet port pres:sure and temperature 
change. The transient fuel metering requirements for adequate mixture prep­
aration are discussed in Chap. 7. 

At all load points at a given speed, the ideal equivalence ratio is that wbich 
gives minimum brake specific fuel consumption at the reqiuired load. However, 
once wide-open-throttle air flow has been reached, increases in power can only be 
obtained by increasing the fuel flow rate. The equivalence ratio requirements for 
optimum~efficiency steady-state engine operation can be summarized on a plot of 
equivalence ratio versus percent of ma:x.iroum air flow at any given speed. A 
typical plot was shown in Fig. 7-1. For part-throttle operation, unless dictated 
otherwise by emission control requirements, the equivalenc,e ratio is set close to 
the equivalence ratio for minimum fuel consumption consistent with avoiding 
partial burning or misfire in one or more cylinders. At very light load the best 
bsfc mixture is richer to compensate for slower flame spe1~ds at lower mixture 
density and increased residual fraction. As wide-open throttle is approached, the 
mixture is richened to obtain maximum power. 

The exhaust gas temperature varies with the equivalence ratio. The exhaust 
gas temperature also varies continuously as the gas leaves the engine cylinder 
and flows through the exhaust port and the manifold and pipe (see Sec. 6.5), so 
an appropriate definition of an average exhaust gas temperature should be used 

t Except during start-up and cold engine operation, when a substantial part of the fuel within the 
cylinder can be in the liquid phase. 
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in quantifying this variation. However, time-averaged thermocouple measure­
ments from specific locations in the exhaust system can provide useful informa­
tion on trends. Figure 14-10 shows examples of predictions of the 
enthalpy-averaged exhaust gas temperature at the exhaust port exit as a function 
of equivalence ratio compared with time-averaged measurements. The enthalpy­
averaged temperature is defined by Eq. (6.19). These are typically 50 to 100 K 
higher than time-averaged measurements. The exhaust temperature peaks at the 
stoichiometric point and decreases as the mixture is richened and leaned on 
either side. 

The fuel/air equivalence ratio is an important parameter controlling spark­
ignition engine emissions. The critical factors affecting emissions, that are govern­
ed by the equivalence ratio, are the oxygen concentration and the temperature of 
the burned gases. Excess oxygen is available in the burned gases lean of stoichio­
metric. The maximum burned gas temperatures occur slightly rich of stoichio­
metric at the start of the expansion stroke, and at the stoichiometric composition 
at the end of expansion and during the exhaust process. Figure 11-2 illustrates 
the general trends in emissions with equivalence ratio which have already been 
discussed. 

Figure 15-7 shows the effect of variations in fuel/air equivalence ratio on 
NO x and HC emissions and fuel consumption when a special fuel vapor gener­
ator was used to produce a uniform fuel-air mixture. As explained in Sec. 11.2.3, 
the formation rate of NO depends on the gas temperature and oxygen concentra­
tion. While maximum burned gas temperatures occur at <I> ~ 1. 1, at this equiva-
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lence ratio oxygen concentratio111s are low. As the mixture is leaned out, 
increasing oxygen concentration i111itially offsets the falling gas temperatures and 
NO emissions peak at <j, ~ 0.9. Then, decreasing temperatures dominate and NO 
emissions decrease to low levels. 

Figure 15-7 also shows the e:ffect of variations in equivalence ratio for lean 
mixtures on unburned hydrocarbon emissions. For rich mixtures, Fig. 11-2 
shows that emissions are high. Tb.is is primarily due to the lack of oxygen for 
afterburning of any unburned hydrocarbons that escape the primary combustion 
process, within the cylinder and th,e exhaust system. HC emissions decrease as the 
stoichiometric point is approac:hed: increasing oxygen concentration and 
increasing expansion and exhaust stroke temperatures result in increasing HC 
burnup. For moderately lean mixtures, HC emission levels vary little with equiv­
alence ratio. Decreasing fuel conc,:mtration and increasing oxygen concentration 
essentially offset the effect of decrnasing bulk gas temperatures. As the lean oper­
ating limit of the engine is approached, combustion quality deteriorates signifi­
cantly and HC emissions start to rise again due to the occurrence of occasional 
partial-burning cycles. For still leaner mixtures, HC emissions rise more rapidly 
due to the increasing frequency of partial-burning cycles, and even the occurrence 
of completely misfiring cycles (see Sec. 9.4.3). The equivalence ratio at which 
partial•burning and misfiring cycles just start to appear depends on details of the 
engine combustion and fuel preparation systems, as well as the load and speed 
point. 

The effect of equivalence ratio variations on CO emissions has already been 
explained in Sec. 11.3 (see Fig. 1.1-20). For rich mixtures, CO levels are high 
because complete oxidation of the fuel carbon to CO2 is not possible due to 
insufficient oxygen. For lean mixtures, CO levels are approximately constant at a 
low level of about 0.5 percent or less. 

Figure 15-7 indicates that if an engine can be designed and operated so that 
its stable operating limit under the appropriate part-load conditions is sufficiently 
lean, excellent fuel consumption and substantial control of engine NO, HC, and 
CO emissions can be achleved. Such an approach requires good control of 
mixture preparation and a fast-burning combustion chamber design (see Sec. 
15.4.1). However, this lean-engine .approach is not compatible with the three-way 
catalyst system (see Sec. 11.6.2) which, with close-to-stoichiometric mixtures, 
achieves substantial additional reductions in NO, HC, and CO emissions. 

EXHAUST GAS RECYCLE. Exhaust gas recycle (EGR) is the principal technique 
used for control of SI engine NOx emissions (see Sec. 11.2.3). A fraction of the 
exhaust gases are recycled through a control valve from the exhaust to the engine 
intake system. The recycled exhaust gas is usually mixed with the fresh fuel-air 
mixture just below the throttle valve. EGR acts, at part load, as an additional 
diluent in the unburned gas mixtu1re, thereby reducing the peak burned gas tem­
peratures and NO formation rates. Note that it is the total burned gas fraction in 
the unburned mixture in the cylinder that acts as a diluent. These burned gases 
are comprised of both residual gas from the previous cycle and exhaust gas 
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recycled to the intake. As described in Sec. 6.4, the residual gas fraction is influ­
enced by load and valve timing (especially the extent of valve overlap) and, to a 
lesser degree, by the air/fuel ratio and compression ratio. The total burned ~s 
mass fraction is given by Eq. (4.3). Since the burned gases dilute the unburned 
mixture, the absolute temperature reached after combustion varies inversely with 
the burned gas mass fraction. Hence increasing the burned gas fraction reduces 
the rate of formation of NO emissions. 

Figure 11-10 shows the effect on NO emissions of increasing the burned gas 
fraction by recycling exhaust gases to the intake system. Substantial reductions in 
NO concentrations are achieved with 10 to 25 percent EGR. However, EGR also 
reduces the combustion rate which makes stable combustion more difficult to 
achieve (see Sec. 9.4.3 and Fig. 9-36). The amount of EGR a particular com­
bustion chamber design will tolerate depends on its combustion characteristics, 
the speed and load, and the equivalence ratio. EGR percentages in the 15 to 30 
range are about the maximum amount of EGR a spark-ignition engine will toler­
ate under normal part-throttle conditions. Faster-burning engines will tolerate 
more EOR than slower-burning engines. Because of the decrease in burn rate and 
increase in cycle-by-cycle combustion variations, hydrocarbon emissions increase 
with increasing EOR, as shown in Fig. 11-29. At first the increase in HC is 
modest and is due primarily to decreased HC burnup due to lower expansion 
and exhaust stroke temperatures. The HC increase becomes more rapid as slow 
combustion, partial burning, and even misfire, in turn, occur with increasing fre­
quency. EGR has no significant effect on engine CO emissions. 

The effect of exhaust gas recycle on engine performance and efficiency, for 
mixtures with ¢ 5: 1.0, is similar to the addition of excess air. Both EGR and 
excess air dilute the unburned mixture. In practice since EGR is only used at 
part-throttle conditfons, </> 5: 1.0 is the region of interest. Because three-way cata­
lysts are now used where NO.remission constraints are severe, greatest attention 
bas focused on dilution with EGR at </J:::::: 1.0. Figure 15-8 shows the effect of 
increasing EGR on bsfc and enthalpy-mean exhaust temperature [defined by Eq. 
(6.19)] at constant bmep, predicted using a thermodynamic-based computer 
simulation of the engine's operating cycle. Predictions made for different burn 
durations are shown, at MBT timing for a stoichiometric mixture. At constant 
burn duration, bsfc and exhaust temperature decrease with increasing EGR. Only 
for very long combustion processes is the burn rate especially significant. This 
improvement in fuel consumption with increasing EGR is due to three factors: (t) 
redu~d pumping work as EGR is increased at constant brake load (fuel and air 
flows remain almost constant ; hence intake pressure increases); (2) reduced heat 
loss to the walls because the burned gas temperature is decreased significantly; 
and (3) a reduction in the degree of dissociation in the high-temperature burned 
gases which allows more of the fuel's chemical energy to be converted to sensible 
energy near TC. The first two of these are comparable in magnitude and each is 
about twice as important as the third. 12 

Figure 15-9 shows experimental bsfc versus EGR data for two combostion 
chambers: a combustion chamber with a moderate burning rate and a faster-
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burning chamber with open geometry and with induction-generated swirl. 
Though addition of EGR lengthens both the flame development and propagation 
processes (as indicated by the increasing MBT spark advance requirement with 
increasing EOR),- the faster-burning chamber follows the anticipated pattern of 
significant bsfc reductions until, at about 20 percent EGR, the combustion 
quality deteriorates. For the slower-burning combustion chamber, the tolerance 
to dilution with EGR is much less. 

15.3.3 Load and Speed 

One common way to present the operating characteristics of an internal com­
bustion engine over its full load and speed range is to plot brake specific fuel 
consumption contours on a graph of brake mean effective pressure versus engine 
speed. Operation of the engine coupled to a dynamometer on a test stand, over 
its load and speed range, generates the torque and fuel flow•rate data from which 
such a performance map is derived. Equation (2.20) relates bmep to torque, and 
bsfc values are obtained from Eq. (2.22) at each operating point. Figure 15-10 
shows an example of such a performance map for a four-cylinder spark-ignition 
engine. The upper envelope of the map is the wide-open-throttle performance 
curve. Points below this curve define the part-load operating characteristics. 
While details differ from one engine to another, the overall shapes of these maps 
for spark-ignition engines are remarkably similar. When mean piston speed SP is 
used instead of crankshaft speed for the abscissa, the quantitative similarity of 
such maps over a wide range of engine sizes is more apparent. 

Maximum bmep occurs in the mid-speed range; the minimum bsfc island is 
located at a s1ightly lower speed and at part load. These map characteristics can 
be understood in terms of variations in volumetric efficiency ,i., , gross indicated 
fuel conversion efficiency '1J.ig and mechanical efficiency 'lm as A/F, EGR (if used), 
and the importance of heat losses and friction change, via Eqs. (15.3) and (15.5). 
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The maximum bmep curve reflects the variation with speed of '1 u, the decrease of 
17rr1 as SP increases, and the increase of '7J.ia as SP increases due to decreasing 
importance of heat transfer per cycle. The bsfc contours have the following expla­
nation. Starting at the minimum bsfc point, increasing speed at constant load 
increases bsfc due primarily to the increasing friction mep at higher speeds (which 
decreases rtm). While '1J. ia increases as speed increases, friction increases dominate. 
Decreasing speed at constant load increases bsfc due primarily to the increasing 
importance of heat transfer per cycle (which decreases r,1,1J. Friction decreases, 
increasing '1m• but this is secondary. Any mixture enrichment required to main­
tain a sufficiently repeatable combustion process at low engine speeds (see Fig. 
7-1) contributes too. Increasing load at constant speed from the minimum bsfc 
point increases bsfc due to the mixture enrichment required to increase torque as 
the engine becomes increasingly air-flow limited. Decreasing load at constant 
speed increases bsfc due to the increased magnitude of friction (due to increased 
pumping work), the increased relative importance of friction, and increasing 
importance of heat transfer (which decreases r,1,1J. 

The effects of speed and load variations on NO and HC emissions are 
shown in Fig. 15-11.14 NO concentrations increase moderately with increasing 
speed at constant load. At lower loads, the proportional increase in NO is greater 
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than at higher loads.6 The residual gas fraction decreases as speed increases, this 
effect being greater at lower inlet manifold pressures (lighter loads) (see Fig. 6-19). 
Also, the relative importance of heat transfer per cycle is less as speed increases 
(see Fig. 12-25), which would also be expected to increase NO concentration. 
With increasing load (at constant speed), NO concentrations also increase. Again, 
as inlet manifold pressure and load increase, the residual gas fraction decreases 
(Fig. 6-19); also, the relative importance of heat transfer per cycle decreases with 
increasing load (Fig. 12-25). 

The hydrocarbon concentration trends with speed and load changes are the 
opposite of the NO concentration trends. As indicated in Table 11.7, speed and 
load are likely to affect several of the HC formation mechanisms, the in-cylinder 
mixing of unburned hydrocarbons which escape combustion with the bulk gases, 
and the fraction of the in-cylinder HC which escape into the exhaust. However, 
not enough is yet known about the details of these processes to make these 
dependencies explicit. If oxygen is available, oxidation of unburned hydrocarbons 
both within the cylinder and in the exhaust system will be significantly enhanced 
by increases in speed since the expansion stroke and exhaust process gas tern~ 
peratures increase substantially, due to the reduced significance of heat transfer 
per cycle with increasing speed. This more than offsets the reduced residence time 
in the cylinder and in the exhaust. Measurements of the percent HC reacted in 
the exhaust port as a function of engine speed show the same proportional 
reduction in the exhaust emissions data in Fig. 15-11.15 The rationale for the 
variation with load is less clear. As load increases at constant speed, expansion 
and exhaust stroke temperatures increase, and the in-cylinder oxidation rate, if 
oxygen is available, will increase. However, as the exhaust gas flow rate increases, 
the residence time in critical sections of the exhaust system decreases and a 
reduction in exhaust port HC oxidation occurs.16 The net trend is for HC con­
centration to decrease modestly as load is increased. 

15.3.4 Compression Ratio 

The ideal cycle analysis of Chap. 5 showed that indicated fuel conversion effi­
ciency increased continuously with compression ratio according to Eq. (5.31). 
With y = 1.3, this relation also matches closely the fuel-air cycle preclictions whh 
<P ~ 1.0. However, in an actual engine other processes which influence engine 
performance and efficiency vary with changes in compression ratio: namely, com­
bustion rate and stability, heat transfer, and friction. Over the load and speed 
range, the relative impact that these processes have on power and efficiency 
varies also. Hence, the applicability of Eq. (5.31) is open to question. Also, while 
the geometric compression ratio (ratio of maximum to minimum cylinder 
volume) is well defined, the actual compression and expansion processes in 
engines depend on valve timing details and the importance of flow through the 
valves while they are opening or closing (which depends on engine speed). Of 
course, our ability to increase the compression ratio is limited by the octane 
quality of available fuels and knock (see Sec. 9.6,1), 
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Only a few studies have examined the effect of compression ratio on sp~rk­
ignition engine performance and efficiency over a wide range of compression 
ratios, Figure 15-12 shows results obtained at wide-open throttle at 2000 rev/min 
with a series of eight-cylinder 5.3-dm3 displacement engines, from the most exten­
sive of th,~se studies.17 Gross-indicated and brake fuel conversion efficiencies and 
mean effective pressures are shown. Indicated mep was obtained by adding 
motoring friction mep to brake mep. The mep data were obtained with (A/ F) and 
spark timing adjusted to give maximum torque; for the efficiency data, (A/F) and 
spark timing were adjusted to give maximum efficiency. The mechanical efficiency 
remained essentialJy constant at 0.89 over the full compression ratio range. The 
volumetric efficiency was also constant at 0.825. Both '1/.ig and mep show a 
maximum at a compression ratio of about 17; for higher compression ratios 
efficiency and mep decrease slightly. This trend was explained as being due to 
increasing surface/volume ratio and slower combustion, and is also due to the 
increasing importance of crevice volumes: at the higher compression ratios 
studied thte combustion chamber height became very small. 

To assess more broadly the effect of compression ratio variations on fuel 
conversion efficiency, several data sets have been normalized and compared in 
Fig. 15-13 which shows the ratio of fuel conversion efficiency at the given com­
pression iratio divided by the efficiency at re = 8, for wide-open-throttle engine 
operation. The agreement for r, < 14 is good. Over the compression ratio range 
that is ac,cessible to SI engines with available fuels (r c < 12), fuel conversion effi­
ciency increases by about 3 percent per unit of compression ratio increase. Note, 
of course, that engine power increases by about the same amount. 

0.46 

Y/J 

0.42 11/, lg 

~I 
0.38 I 

YfJ. /J 

I / 
0,34 / 

/ 
,I 

0.3 

8 10 

/ 
,, --

imep 

-~ 
/ 

/ 
~bmep 

2000 rev/nun 
WOT 
MBT timing 

12 14 16 18 20 

Compression ratio 

1300 

1200 

mep. lcPa 

1100 

1000 

900 

FIGURE 15-12 
Effect of compression ratio on indi­
cated mean effective pressure and fuel 
conversion efficiency. 5.3-dm3 eight­
cylinder spark-ignition engine at 2000 
rev/min and wide-open throttle. 
Equivalence ratio and spark timing 
adjusted for maximum torque for mep 
data ; adjusted for minimum fuel con­
sumption for efficiency data.17 

Page 876 of 966



ENGINE OPERATING C HARACTERISTICS 843 

1.3 

1.2 

00 
S II 

:,., .... t:: __. 

~ 

1.1 

1.0 

8 10 

Fuel-air cycle 

'If. 1 (CN) 

T/f. b (CN) 

Wide-open throttle 

12 14 16 18 20 22 24 

Compression ralio re 

FIGURE 15-13 
Relative fuel conversion efficiency 
improvement with increasing com­
pression ratio, spark-ignition 
engines at wide-open throttle: 
CN,1 7 KT. 18 

A similar comparison of the etf ect of compression ratio increases on effi­
ciency at part load is shown in Fig. 15-14.19 The figure shows brake fuel conver­
sion efficiency data from engines of different cylinder ,volume. Both the 
compression ratio for maximum efficiency and the maximum efficiency depend 
on cylinder size. The wide-open-throttle and road-load data (top two curves1 7

) 

confirm that the increase in efficiency with an increase in the compression ratio at 
part load apparently depends on the details of engine operatiion to a significant 
degree also. For the important compression ratio range of 9 to 11 , the relative 
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efficiency improvement is between 1 and 3 percent per unit of compression ratio 
increase, depending on cylinder size and operating conditi1ons. 

The exhaust temperature decreases as compression ratio and efficiency 
increase until the compression ratio corresponding to maximum efficiency is 
reached. It has also been shown that heat losses to the combustion chamber 
walls, as a fraction of the fuel's chemical energy, also decrn:ase as the compression 
ratio and efficiency both increase. 1 7 

The effect of compression ratio changes on NO emissions is small. Some 
studies show a modest increase in specific NO emissions ais the compression ratio 
increases at constant load and speed; other studies s:bow a slight decrease. 
Increasing the compression ratio increases exhaust hydrocarbon emissions. 
Several trends could contribute: increased importance of crevice volumes at high 
r, ; lower gas temperatures during the latter part of the expansion stroke, thus 
producing less HC oxidation in the cylinder; decreasing residual gas fraction, 
thus increasing the fraction of in .. cylinder HC exhausted; lower exhaust tern• 
peratures, hence less oxidation in the exhaust system. 

15.4 SI ENGINE COMBUSTION 
CHAMBER DESIGN 

15.4.1 Design Objectives and Options 

There has always been extensive debate over the optimum SI engine combustion 
chamber design. There are a large number of options for cylinder head and 
piston crown shape, spark plug location, size and number of valves, and intake 
port design. 20 Debate revolves around issues such as chamber compactness, 
surface/volume ratio, flame travel length, and use of swirl and squish types of 
mixture motion. Figure 15-15 shows examples of several common types of com­
bustion chamber shapes. Over the past few years a consensus has developed 
which favors faster-burning combustion-chamber desig-ns. A chamber design 
where the fuel burning process takes place faster, i.e., o~:cupies a shorter crank 
angle interval at a given engine speed, produces a more robust and repeatable 
combustion pattern that provides emission control and e:fficiency gains simulta• 
neously. A faster-burning chamber with its shorter burn time permits operation 
with substantially higher amounts of EGR, or with very le::an mixtures, within the 
normal constraints of engine smoothness and response. Thus greater emissions 
control within the engine can be achieved, and at part load at this higher level of 
dilution a faster-burning chamber shows an improveme1nt in fuel consumption 
due to the reduced pumping work, reduced heat transfeir (due to lower burned 
gas temperatures), and reduced amount of dissociation in the burned gases.22 

The major combustion chamber design objectives which relate to engine 
performance and emissions are: (1) a fast combustion process, with low cycle-by­
cycle variability, over the full engine operating range; (2) a high volumetric effi­
ciency at wide-open throttle; (3) minimum heat loss to the combustion chamber 
walls; (4) a low fuel octane requirement. 
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(b) (d) 

FIGURE 15-15 
Examples of common spark-ignition engine combustion chamber shapes: (a) bathtub and wedge: (b) 
bowl-in-piston; (c) four-valve pent roof; (d) hemisphericaJ.2 1 

Many methods for producing a "fast burn" have been1 proposed. These 
include ways of making the combustion chamber shape more compact, moving 
the spark plug to a more central location within the chamber, using two plugs, 
and increasing in-cylinder gas motion by creating swirl during the induction 
process or during the latter stages of compression. 

A faster combustion process relative to more moderate burn rate engines 
does result in a direct engine efficiency gain, other factors being equal. The mag­
nitude of this direct gain is relatively modest. Experimental studies of the effect of 
an increase in burn rate from moderate to fast at constant e,ngine load, speed, 
and mixture composition show that this effect is a few percent at most.23 Com­
puter simulations of the engine operating cycle confirm these experimental obser­
vations; while a decrease in total burn duration from 100 to 60° (slow to 
moderate burn) does result in a 4 percent decrease in bsfc, a decrease in burn 
duration from 60 to 20° gives only a further 1.5 percent bsfc decrease.6 

Of greater importance is the fact that the faster burn process is more robust 
and results in the engine being able to operate satisfactorily with much more 
EGR, or much leaner, without a large deterioration in combustiion quality. Faster 

Page 879 of 966



846 INTERNAL COMBUSTION ENGINE FUNDAMENTALS 

burning chamber designs exhibit much less cycle-by-cycle variability. This ability 
to operate with greater dilution at part load while maintaining a short burn 
duration :and low cycle-by-cycle variability, permits much greater control of NO~ 
within the: engine with 20 or more percent EGR without any substantial increase 
in HC emissions (see Fig. 11-29), or permits very lean operation. In both cases the 
efficiency gain relative to moderate burn rate engines, which must operate with less 
dilution, is sizeable.24 

Higlh volumetric efficiency is required to obtain the highest possible power 
density. The shape of the cylinder head affects the size of valves that can be 
incorporated into the design. Effective valve open area, which depends on valve 
diameter and lift, directly affects volumetric efficiency. Swirl is used in many 
modern c:hamber designs to speed up the burning process and achieve greater 
combustion stability. Induction-generated swirl appears to be a particularly 
stable in-cylinder flow. Swirl results in higher turbulence inside the chamber 
during combustion, thus increasing the rate of flame development and propaga­
tion. Generating swirl during the intake process decreases volumetric efficiency. 

Heat transfer to the combustion chamber walls has a significant impact on 
engine efliiciency. It is affected by cylinder head and piston crown surface area, by 
the magniitude of in-cylinder gas velocities during combustion and expansion, by 
the gas temperatures and the wall temperatures. The heat-transfer implications of 
a combustion chamber should be included in the design process. 

Knock effectively lintits the maximum compression ratio that can be used 
in any combustion chamber; it therefore has a direct impact on efficiency. Knock 
is affected by all the factors discussed above. It is the hardest of all the constraints 
to incorporate into the design process because of its obvious complexity. 

Knc•wledge of the fundamentals of spark-ignition engine combustion, in­
cylinder g;as motion, and heat transfer has developed to the point where a ration­
al procedlure for evaluating these factors for optimum combustion chamber 
development and design can be defined. The next two sections develop such a 
procedure. 

15.4.2 Factors That Control Combustion 

Our understanding of the structure of the spark-ignition engine flame as it 
develops and propagates across the combustion chamber (see Secs. 9.3 and 9.4) 
allows us to relate the physical and chemical factors that control this process to 
the relevant engine design and operating parameters. The following factors affect 
the flame development and propagation processes: 

1. Geomeitry. Combustion chamber shape and spark plug location. 
2. Flow fiield characteristics. Mean velocity, turbulence intensity, and character­

istic turbulence length scale in the unburned mixture during combustion. 
3, Unburned mixture composition and state. Fuel, equivalence ratio, burned gas 

fractio111, mixture pressure and temperature. 
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Geometry primarily affects combustion through the flame front surface 
area. It has a lesser effect on combustion development through its influence on 
in-cylinder motion. Geometric calculations (see Sec. 14.4.2), based solely on the 
assumption that the front surface of the flame can be modeled as a portion of a 
sphere centered at the spark plug, provide data on flame front area and the 
volume behind the flame front surface (the enflamed volume), contained within 
the combustion chamber at the appropriate flame radii and piston positions. 

Flame area varies significantly from one chamber shape to another for a 
given enflamed volume. In the example shown in Fig. 14-7, the bowl-in-piston 
chamber gives flame surface areas 30 to 45 percent larger than those for the disc 
chamber under equivalent conditions around top-center. Hemispherical and open 
or clamshell chambers showed gains of about 30 percent relative to the equiva­
lent disc configuration. For a given chamber shape, flame area depends even 
more significantly on plug location. Figure 14-7 shows that shifting the plug from 
a side to a center location for the bowl-in-piston chamber increased the peak 
flame area by 150 percent. For hemispherical and open chambers, the increases 
for a similar shift in plug location were 75 and 90 percent, respectively.25 

Maps of flame area as a function of radius at different crank angle locations 
indicate the following pattern. For chamber geometries with side ignjtion, as 
flame radius increases, the flame area first rises slowly, then remains approx­
imately constant, and then decreases slowly to zero. In contrast, chambers with 
central ignition show, as flame radius increases, a rise in flame area to a peak 
during the major part of the flame travel followed by a rapid decrease as the 
flame encounters the chamber walls. Moving the plug location toward the center 
of the chamber produces a larger increase in flame front area than does making 
the chamber shape more compact (though this has a positive impact too). 

The effect of chamber geometry on burn rate has been examined using 
thermodynamic-based engine cycle simulations with various types of combustion 
model (e.g., the type developed by Keck and coworkers, see Sec. 14.4.2). Figure 
15-16 shows results from one such study.25 The combustion characteristics of ten 
different chamber geometries were compared at fixed part-load engine operating 
conditions. The flame development and propagation phases were separated into 0 
to 10 and 10 to 90 percent mass fraction burned times. These were then normal­
ized by the equivalent burn times of the slowest burning chamber-the disc with 
side ignition. Chamber geometry has the greatest impact on the 10 to 90 percent 
burn time; its effect on 0 to 10 percent time is significant but substantially 
smaller. Total burn times can be reduced by between 20 to 30 percent by opti­
mizing spark plug location---comparing worst to best location for each chamber 
shape. Comparing worst and best chamber shapes, total burn time with fixed 
plug location can be reduced by about 10 percent. 

Increased turbulence in the unburned mixture at the time of combustion 
increases the burning rate. Turbulence is usually increased by generating swirl 
during the induction process (see Sec. 8.3.2 and below). Cycle simulation 
studies25 indicate that both the duration of the early stage of the burning process 
and of the main stage decrease when the turbulent velocity at the start of com-
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Fig. 9-13) for t,en different spark-ignition engine combustion chamber geometries and spark plug 
locations. Burn angles are normalized by angles for slowest burning chamber: disc with side plug.26 

bustion is increased. The faster combustion process comes primarily from the 
higher turbulence intensity; however, the decreased characteristic turbulence 
scale that accompanies the increased turbulence is also significant since it results 
in a shorter characteristic burning time [see Eq. (14.39) and the accompanying 
text]. It is important to note that the fuel conversion efficiency of higher­
turbulence c:hambers at the same operating conditions can be lower than for 
normal chambers, despite the faster burn rates, due to the higher heat transfer 
that accompanies the higher in-cylinder velocities. For example, predictions 
based on the combustion model defined by Eqs. (14.33) to (14.35), where the 
characteristiic mixture speed Ur was increased by a factor of two, showed that the 
0 to 10 percent and 10 to 90 percent burn durations decreased by about one­
third. Howe:ver, the indicated fuel conversion efficiency decreased by about 6 
percent due to the predicted 15 percent increase in heat transfer.25 

Mixture composition and state affect the burn rate through the dependence 
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of laminar flame speed on temperature, pressure, fuel/air equivalence ratio, and 
burned gas fraction (residual gas and EGR): see Sec. 9.3.3 and Eqs. (14.33) to 
(14.35). Table 15.l compares the burn durations for a stoichiometric mixture, a 
lean mixture with </> = 0.8, and a stoichiometric mixture with 2!0 percent EGR. 
The values of the laminar flame speed at the time of spark are also given 
(conditions at spark as well as composition are different in each c:ase). The longer 
burn durations of the more dilute mixtures are clear. Note that EGR as a diluent 
has a much more deleterious effect on combustion than does air at these approx­
imately equal levels of dilution. 

All the above-described factors-flame geometry, fluid motion, and mixture 
composition--can vary cycle-by-cycle, and therefore contribute to combustion 
variability (see Sec. 9.4). Cyclic differences in gas motion in the vicinity of the 
spark plug result in differences in motion of the flame kernel during its early 
stages of development. Differences in turbulence result in differences in the rates 
at which the initially smooth surface of the flame kernel becomies wrinkled and 
convoluted by the flow. Different initial flame center motions change the geo­
metrical interaction of the flame front with the combustion chamber walls later in 
the flame propagation process. Differences in the amount of fuel, air, and EGR 
which enter each cylinder cycle-by-cycle, the nonuniformity in composition of the 
entering charge, and any incomplete mixing of that entering c;harge with the 
residual gases in the cylinder also contribute to combustion variability. These 
composition nonuniformities lead to differences in the early stage:s of flame devel­
opment. The variations in the amounts of fuel, air, and EGR that enter each 
cylinder cycle-by-cycle and in the uniformity of that mixture are factors within 
the direct control of the engine designer. 

A fast combustion process reduces cyclic combustion variability for the fol­
lowing reasons. With a faster burn, optimum spark timing is clos•!r to top-center: 
mixture temperature and pressure at the time of spark are higher, so the laminar 
flame speed at t..he start of combustion is greater. This, combined with the higher 
turbulence of most fast-burn concepts, results in faster flame ken1Lel development. 

TABLE 1S.l 
Effect of excess air and recycled exhaust on burn dura­
tion 

Bum durations, degree 
EGR, o., S,, at 8., 

cp % degree 0-10% 10-90% cm/s 

1.0 0 340 22 17 75 
0.8 0 336 26 21 52 
LO 20 324 31 28 23 

400 cm3 per cylinder displaced volume, 80 mm bore, 8 . .S compression ratio, 
disc chambQr, center plug location. 1500 rev/min, stoichiometric operation, 
9, = spark timing (M13'D, inlet pressure 0.5 atm, inlet temperature 350 K, 
SL"' laminar Owne speed.~6 
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More rapid initial flame growth results in less variation in flame center motion 
during the critical flame-development phase. The resulting geometric variations 
in the flame front/chamber wall interaction are therefore reduced; this decreases 
the variations in burn rate that result from these geometriic variations. Also, the 
faster burning process ends earlier in the expansion stroke:. Thus the problem of 
occasional slow burning cycles, partial burning cycles, a.nd eventually misfire, 
which occurs with dilute mixtures under normal burning conditions due to quen­
ching of the combustion process as gas temperatures fall during expansion, is 
largely avoided (see Sec. 9.4.3). 

15.4.3 Factors That Control Performance 

VOLUMETRIC EFFICIENCY. Combustion chamber shape affects yolumetric effi­
ciency through its constraints on maximum valve size and through the degree of 
swirl (if any) that the chamber and port designs produce to achieve the desired 
combustion characteristics. To obtain maximum perfonnance and to reduce 
pumping losses, the size of the valve heads should be as large as practical; the 
valve sizes that can be accommodated depend on cylinder head layout. Table 6.1 
lists the typical maximum valve sizes that can be accommodated into several 
common chamber shapes (see Fig. 15-15). The approximate mean piston speed at 
maximum power is a measure of the maximum air flow that each engine design 
can pump. Note that of the two-valve configurations, the: designs with inclined 
valve stems permH substantially greater maximum air flow. The four-valve pent­
roof design, which also has inclined valve stems, is the best of those listed since it 
accommodates the largest valve and port areas (there are other four-valve head 
designs which are comparable). 

Swirl can be generated during the intake process 1through suitable port, 
valve, and head design. It requires either that the flow through the intake valve 
be directed tangentially into the cylinder so that gas flows through one side of the 
valve opening preferentially (e.g., through the use of masks; to restrict flow at the 
mask location or through the use of a tangentially directedl port or a flow deflec­
tor in the port just upstream of the valve), or requires the use of a helical intake 
port that imparts an angular velocity to the flow before it enters the cylinder. In 
either case the inlet flow enters the cylinder with higher velocity than it would 
have in the absence of swirl ; hence the pressure drop across the valve is 
increased, and maximum air flow through the cylinder is reduced. WeU-desjgned 
helical swirl-generating ports (see Sec. 8.3.2) appear to be the best way to create 
swirl. However, geometric and production constraints oftein prevent the incorpo­
ration of such ports into the cylinder head design, and other swfrl-generating 
methods must be used. The engine maximum-power penalty associated with gen­
erating significant swirl is of order 5 to 10 per cent. 

Since swirl is only required at part-throttle operation when enhancement of 
the burn rate is most critical and is not usually required at full throttle when the 
flow restriction penalty is most significant, induction systems with a separate 
passage for the part-throttle air flow, where only this separate passage generates 
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swirl, are an attractive option. However, the gains in volumetric efficiency are 
offset by a higher cost due to the additional complexity in port and manifold of 
the double passage and the individual throttle valves required in each port for 
flow control. 

Swirl can be intensffied during compression with bowl-in-piston combustion 
chambers by decreasing the moment of inertia of the in-cylinder charge as the 
piston moves toward top-center, and thereby increasing its angular velocity (see 
Sec. 8.3.3). An advantage here is that the swirl level generated during induction is 
less than would be required without the compression-produced radially inward 
motion of the charge. This approach can be used with combustion chamber 
designs that are axisymrnetric and compact. Swirl can also be generated by squish 
motion toward the end of compression with a suitable design of chamber. The 
advantage of this approach is that there is no induction•stroke swirl-generating 
volumetric efficiency penalty. However, the cylinder head geometries proposed to 
date for either intensifying or generating swirl have vertical valve stems1 and 
hence have smaller valve sizes which in themselves restrict air flow. Also, the 
cylinder head geometry required to generate swirl during compression has a 
larger surface area than more open chamber designs and, therefore, has signifi­
cantly higher heat losses. 

The impact of conventional radiaJly inward squish motion (see Sec. 8.4) on 
in-cylinder turbulence, and hence combustion, is unclear. Chambers with signifi­
cant squish are also more compact; for this reason alone they would be faster 
burning. 

HEAT TRANSFER. The convective engine heat transfer to the combustion 
chamber walls is described by equations of the form of (12.2): e.g., Eq. (12.21). 
The heat-transfer coefficient is usually correlated by expressions of the form of 
Eq. (12.3), which relate the Nusselt, Reynolds, and Prandtl numbers (see Sec. 
12.4). Thus combustion chamber surface area, and especially the surface area in 
contact with the burned gases, is important. Gas velocity is also importanti it 
influences the heat-transfer rate through the Reynolds number. Various charac­
teristic velocities have been used in the Reynolds number to scale heat transfer: 
mean piston speed, mean in-cylinder gas velocity, turbulence intensity, either 
individually or in combination. Both of these variables, area and velocity, are 
affected by combustion chamber design. 

Studies of engine performance using thermodynamic-based simulations of 
the engine's operating cycle (see Sec. 14.4) provide data that indicate the impor­
tance of changes in heat transfer. At part-throttle operating conditions, such 
simulation calculations show that a 10 percent change in combustion chamber 
heat losses results in a change of between 2 and 5 percent in brake specific fuel 
consumption; an average fuel consumption change of about one-third the magni­
tude of the heat-transfer change (and of opposite sign) is an appropriate rule of 
thumb.25 • 27 At wide-open throttle, the effect on mean effective pressure is compa­
rable : a JO percent change in heat transfer results in about a 3 percent change in 
bmep. 
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This impact of heat transfer on engine efficiency and performance under­
lines the importance of combustion chamber details that affect heat transfer. For 
the chamber shapes shown in Fig. 15-16, the total heat losses as a fraction of the 
fuel's energy, at fixed engine speed and intake condjtions, were also calculated. 
Both chamber shape and spark plug details affect heat losses since together these 
govern the surface area of the hot burned gases in contact with the walls. The 
open and hemispherical chambers had least heat transfer. Geometries such as the 
bowl-in-piston, which obviously have a higher surface area, had about 10 percent 
higher heat transfer. The effect of shifting the plug from a side to center location 
depended on chamber shape. Open and bowl-in-piston chambers showed little 
change; the hemispherical chamber showed a 4 percent reduction. Given a 
general chamber shape choice, the details of the actual design are important also; 
it is easy to add substantial surface area with piston cutouts, plug bosses, and 
cylinder head masking or squish regions which will deteriorate chamber per­
formance to a measurable degree. 

Higher in-cylinder velocities affect heat-transfer rates through the Reynolds 
number term in the heat-transfer coefficient correlation. Swirl- and squish­
generated flows increase in-cylinder gas velocities and will, therefore, increase 
heat-transfer rates. 

15.4.4 Chamber Octane Requirement 

Knock limits an engine's compression ratio, and hence its performance and effi­
ciency. The more fundamental aspects of knock were reviewed in Sec. 9.6. Knock 
occurs when the end-gas autoignites prior to its being burned up by the normal 
flame-propagation process. The tendency to knock depends on engine design and 
operating variables which influence end-gas temperature, pressure, and time 
spent at high values of these two properties before flame arrival. 

The presence or absence of knock in an engine depends primarily on the 
antiknock quality of the fuel, which is defined by the fuel's octane number (see Sec. 
9.6.3). It determines whether or not a fuel will knock in a given engine under 
given operating conditions: the higher the octane number, the higher the resist­
ance to knock. The octane number requirement of an engine is defined as the 
minimum fuel octane number that will resist knock throughout its speed and 
load range. The following factors affect an engine's octane requirement: (1) com­
position of the fuel ; (2) chamber geometry and size; (3) charge motion; (4) spark­
advance curve; (5) inlet air, intake manifold, and water jacket temperatures; (6) 
carburetor or fuel-fojector air-fuel ratio calibration; (7) the ambient conditions­
pressure, temperature, and relative humidity-during the requirement determi­
nation. 

The following illustrates the interaction between fuel factors and engine 
operating variables. Figure 15-17 shows the relation between spark advance, 
torque, and speed in an engine operating at wide~open throttle. The dashed lines, 
determined with a fuel of sufficiently high octane rating to avoid knock, show 
MBT timing as a function of speed, along with the spark~advance limits for con-
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slant specified _percentage torque reductions. The upper solid line traces the spark 
advance for borderline knock with a particular commercial gasoline. To avoid 
knock with this fuel, the spark advance must be set to lose one percent of engine 
torque at 800 rev/min, with the torque loss diminishing to zero at 1200 rev/min. 
Above that speed this particular fuel allows operation at MBT timing without 
knocking. The lower solid curve represents a typical spark-advance schedule at 
WOT. It lies below the borderline knock advance (and results in a significant 
torque loss) for the following reasons. One is that different commercial gasolines 
with the same research octane number can respond differently to variations in 
engine operating conditions. Calibrating the engine (i.e., specifying the schedules 
for spark advance, A/F, and EGR) must be done with sufficient margin of conser­
vatism to avoid objectionable knock with the normal range of commercial gas­
olines over the full operating conditions of the engine. A second reason is 
engine-to-engine production variability despite the close dimensional tolerances 
of modern production engineering. For example, the effective compression pres­
sure in each cylinder of a multicylinder engine is not identical, due to geometric 
and ring-pack behavior differences. The cylinder with the highest compression 
pressure is most knock-prone. Allowing for corresponding effects of cylinder-to­
cylinder variations in A/F, EGR rates, and spark timing, it is obvious that for a 
given operating condition in a multicylinder engine, one cylinder is more likely to 
knock than the others. It is that cylinder which limits the spark advance.t A third 
reason for the discrepancy between actual spark-advance calibration and the 
knock limit for a given engine and fuel is the octane requirement increase associ­
ated with the buildup of deposits on the combustion chamber walls over 
extended mileage (see Sec. 9.6.3). 

t There is no assurance that the same cylinder will be the principal offender in all engines of the same 
model, nor in a given engine at all operating conditions. 
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In the example shown above, it was the problem of knock at low engine 
speed which required the spark advance calibration to be reUtrded. Whether low-, 
medium-, or high-speed knock is the limiting factor in a particular engine 
depends on the sensitivity of the fuel, on engine design features, and especially 
upon the engine's spark-advance requirements for MBT. The knock-limited 
spark advance determined from road octane rating tests will vary with engine 
speed and fuel sensitivity, as shown in Fig. 15-18. Low sensi1ivity fuels will toler­
ate more severe engine operating conditions and vice versa. Figure 15-18b, c, and 
d shows a typical engine spark-advance characteristic superposed on the knock­
limited spark-advance plot. Depending on the fuel sensitivity and shape of the 
spark-advance curve, the knock region may occur at low, mt:dium, or high speed 
(or not at all). 

It will be apparent from the above discussion that defining the effect of 
combustion chamber geometry on knock can only be dom: in an approximate 
fashion. The importance of fuel composition details, differences in engine design, 
the variability between engines of the same type, and the c~ffect of deposits all 
make the quantification of trends as chamber design is varied extremely difficult. 
One of the most important chamber variables i~ the compression ratio. 
Figure 15-19 shows the relationship between the octane requirement and com­
pression ratio for a number of combustion chambers. The octane requirement 
was defined as the research octane number of the fuel req111ired to operate the 
engine at WOT with the weakest mixture for maximum po1wer with borderline 

Engine speed 

Engine 
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"\characteristic 

Region of knock 

Engine speed 

FIGURE lS-18 

Engine speed 

High sensitivity 

Engine 
spark 
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Diagrams showing knock-limited spark-advance curves for fuels of different sensitivity and how these 
can give low-, medium-, and high-speed knock in the same engine.29 

Page 888 of 966



Very O n chambers __ { Disc: Low turbulence • 
pe High 1urbulence ■ 

Moderately open __ -{ Bathtub o 
chambers 4-valve ~ 

Compact chambers ,, '\. '-{ ~~~n ~ 
J IO 

70...___.__ __ ..__ _ ___. __ ___._____. 
7 9 11 13 

Compression ratio 

ENGINE OPERATING CHARACTERlSTICS 855 

FIGURE lS-19 
Octane requirement (gasoline research octane 
number), at wide-open throttle and MBT 
timing, to avoid knock as a function of com­
pression ratio for various combustion chamber 
designs. 10 

(or light) knock coinciding with MBT timing at the given speed. As is well 
known, the octane requirement increases with increasing compression ratio; there 
are, however, differences in the octane requirement between different types of 
chamber at the same compression ratio. The chambers studied were disc-shaped 
chambers, bathtub and four-valve (open chambers with squish) and compact high 
compression ratio chambers (bowl or cup-type chambers in the piston crown or 
jn the cylinder head around one of the valves). In the 9 to 11 compression ratio 
range there are only modest differences between the chambers studied. At higher 
compression ratios, 11 to 13, the compact chambers show a lower octane require­
ment which gives them a 1 to 2 compression ratio advantage over the more open 
chambers. This advantage for the compact (and high-turbulence) chambers comes 
largely from the increased heat-transfer rates in these chambers. Whether the 
higher turbulence is generated during intake or at the end of the compression 
stroke, it increases the heat transfer from the end-gas, reducing its temperature 
and therefore its propensity to knock. However, thls higher heat transfer also 
reduces engine power and efficiency, so the benefits of the compression ratio 
advantage are reduced. There is some increase in the knock-limited compression 
ratio with a given fuel as burn time is decreased by using one, two, three, and 
then four spark plugs simultaneously, with a given chamber geometry, but the 
effect is much smaller than the differences suggested by Fig. 15-19.23 

Spark plug location within the chamber is an important factor affecting 
octane requirement. More centrally located plug positions shorten the flame 
travel path to the cylinder walls and decrease the time between spark discharge 
and flame arrival at the end-gas location. This decreases the octane requirement. 
The position of the spark plug in relation to the exhaust valve is also important: 
it is advantageous to burn the unburned mixture which has been heated by 
contact with the hot exhaust valve early in the combustion process. 
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TABLE 15.2 

Engine conditions affecting octane nw111ber requirement 

Octane number requirement 
tends to go up when; 

l. Ignition timing is advanced. 
2. Air density rises due to 

supercharging or a larger 
throttle opening or higher 
barometric pressure. 

3. Humidity or moisture content 
of the air decreases. 

4. Inlet air temperature is 
increased. 

5. Coolant temperature is 
raised. 

6. Antifreeze (glycol) engine 
coolant is used. 

7. Engine load is increased. 

Octanet number requirement 
tends t◄1> 10 down when: 

1. lgni•tion timing is retarded. 
2. Engine is operated at higher 

altitudes or smaller throttle 
opening or lower barometric 
pressure. 

3. Humidity of the air increases. 

4. Inlell air temperature is 
decreased. 

5. Fuell/air ratio is richer or 
leaner than that producing 
maximum knock. 

6. Exhaust gas recycle system 
operates at part throttle. 

7. Engine load is reduced. 

Operating variables that affect the temperature or pressure time histories of 
the end-gas during combustion or the basic autoignition characteristics of the 
unburned fuel, air, residual mixture will also affect the engine's octane require­
ment. The most important additional! variables which increase or decrease octane 
requirement in a consistent manne:r are listed in Table 15.2. Relative spark 

Moderate turbulence High turbulence 

Fuel 

--- RON = 100 
-RON = 92 

13 13 

11 
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FIGURE 15-20 
Knock limits and lean engine operating limit1i as fUtlction of compression ratio and relative air/fuel 
ratio 1 (.1. ; l/</>) for moderate and high-turbul,cncc engine combustion chambers.3l 
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advance has a major impact on knock; since it is also easy to adjust, it is the 
engine variable most commonly used to control knock. Studiies show that typi­
cally 0.5 to 1.0 RON reduction is achieved per degree of retaLrd. 30 Atmospheric 
conditions- pressure, temperature, and humidity-all affect the octane number 
requirement. 31 

The fueljair equivalence ratio affects the octane require1ment of an engine. 
The highest requirement is for slightly rich mixtures; increasing richness and 
leanness about this point decrease the octane requirement substantially. 
Figure 15-20 shows the knock~limited compression ratio as a fiunction of the rela­
tive air/fuel ratio (,l = 1/<f>; ,l > 1 for lean mixtures) for conv1entional and high­
turbulence chambers, for two fuels with different octane ratings. Substantially 
higher compression ratios can be used with lean mixtures, c~specially wHh the 
high-turbulence chamber which extends the lean limit. The coolant temperature 
affects the octane requirement. Higher coolant temperature increases the inlet 
mixture temperature, and reduces heat losses from the endl-gas to a modest 
degree. 

15.4.5 Chamber Optimization Strategy 

The discussion in the previous sections suggests that the folliowing sequence of 
steps in a combustion chamber development process is most logical. First should 
come the selection of the best chamber geometry. Geometric: optimization can 
result in substantial benefits and carries no significant p1enalties. Chamber 
geometry involves cylinder head and piston crown shape, and plug location. 
Open chambers such as the hemispherical or pent-roof cylindi~r head, and clam­
shell, with near central plug location, give close to the maximum flame front 
surface area (and hence a faster burn), have the lowest chamber surface area in 
contact with the burned gases (and therefore the lowest heat transfer), and have 
inclined valves which give high volumetric efficiency. Spark pllllg location close to 
the center of the chamber is especially important in obtaining a fast burn rate. 
More compact chamber shapes than the open chambers listed above, such as the 
bowl-in-piston or chamber-in-head designs, do produce a somewhat faster bum, 
but with lower volumetric efficiency and higher heat losses. 

Following this first step, two problem areas may remain : the chamber may 
have a higher octane requirement than is desired and the but·n rate may not be 
fast enough to absorb the high dilution required at part load to meet the emis­
sions and fuel consumption goals. 

Positioning the spark plug as close to the center as possible will have 
reduced the octane requirement for that particular chamber sh.ape. Depending on 
chamber design details, some squish area could be introduced. However, the per­
ceived octane advantage of chamber designs which contain substantial squish is 
offset, at least in part, by their higher heat losses. A unit compression ratio 
increase results in a 3 percent or less increase in efficiency at part load. However, 
if the measures required to increase the compression ratio from, say, 9 to 10 
resulted in a 10 percent increase in heat transfer, engine efficiency would not 
improve. 

Page 891 of 966



858 INTERNAL COMDUSTION ENGINE FUNDAMENTALS 

The next step should be to reduce the cyclic variability in the combustion 
process to the maximum extent feasible, by improving the uniformity of the 
intake fuel, air, and EGR mixture. Delivery of equal amounts of each of these 
constituents to each cylinder, provision for good mixing between constituents in 
the intake manifold and port, and accurate control of mixture composition 
during engine transients are all especially important. Also important is achieving 
closely similar flow patterns within each engine cylinder during intake so as to 
obtain equal burn rates in all cylind,ers. Attention to these intake process and 
mixture preparation details will always improve engine operation and carries no 
performance penalties. 

However, the burn rate may stilll not be fast enough, especially during the 
critical early stages of flame development, and cyclic variability may still be too 
high to meet the engine's performance goals. Then higher turbulence levels 
during combustion must be achieved. This is usually best done by creating swirl 
during the induction process. The appropriate method for introducing swirl will 
depend on any geometric manufacturing constraints and cost issues. With no 
geometric constraints, use of helica) swirl-generating ports or a divided intake­
port system with valves to control tile flow at light load are likely to have the 
lowest power penalties. It is especially important that only the minimum addi­
tional turbulence required to achieve 1the performance objectives be added at this 
stage. Higher than necessary gas veloieities within the cylinder result in excessive 
heat losses and low volumetric efficiency. 

In summary, to meet the objectives of a fast, repeatable, and robust com­
bustion process with high volumetric ,efficiency, low heat transfer, and acceptable 
octane requirement, combustion chamber development should proceed through 
the following steps. 

1. Optimize the chamber geometry within the design constraints for the 
maximum flame front area, minimum burned gas/chamber wall contact area, 
and largest valve size. 

2. Obtain additional reductions in the cyclic combustion variability by improv­
ing mixture distribution and uniformity and by creating flow patterns into 
each cylinder that are essentially identical. 

3. Achieve any additional improvement in burn rate and cyclic variability 
required to meet objectives by increasing turbulence to the minimum extent. 
This is usually best done by creating swirl during the induction process. 

15.5 VARIABLES THAT AFFECT CI 
ENGINE PERFORMANCE, EFrFICIENCY, 
AND EMISSIONS 

15.5.1 Load and Speed 

The performance of a naturally aspirated DI heavy-duty truck diesel engine and 
a small IDI engine at full load over the engine speed range have already been 
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FIGURE 15-21 
Performance map for 6.54--dm 3 eight-cylinder air­
cooled naturally aspirated medium-swirl DI diesel 
engine. Contours of constant bsfc in grams per 
kilowatt-hour shown. Bore =• 102 mm, stroke = 
100 mm,'• = 18. Muhihole fuel nozzle.33 

discussed in Sec. 15.2. Here we examine the part-load behavior olf various types of 
naturally aspirated diesel engines. 

As with SI engines (see Sec. 15.3.3), performance maps whc~re bsfc contours 
are plotted on a graph of bmep versus engine speed are commonly used to 
describe the effects of load and speed variations. Figure 15-21. shows the per­
formance map for an air-cooled four-stroke cycle medium-swirl naturally aspirat­
ed DI diesel (similar to the engine in Fig. 1-23). Maximum rate:d power for this 
6.54-dm3 displacement engine at 3200 rev/min is 119 kW, ma.ximum bmep at 
2000 rev/min is 784 kPa, and minimum bsfc (at 1600 rev/min and 580 kPa bmep) 
is 220 g/kW • h, which corresponds to a brake fuel conversion ,efficiency of 38.5 
percent. The gross indicated fuel conversion efficiency would be albout 48 percent. 

Figure 15-22 shows the performance map for a small high-swirl DI diesel 
which uses the M.A.N. combustion system with a single fuel jet sprayed tangen­
tially into the swirling air flow. Due to the higher speed and higher swirl than the 
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FIGURE 1~12 
Performance map for l.47-dm3 four-cylinder natu­
rally aspirated DJ diesel en,gine with high-swirl 
single-hole-nozzle M.A.N. combustion system. 
Contours of constant bsfc in grams per kilowatt­
hour shown. Bore = 76.5 mm, stroke = 80 mm, 
r, = 18.5. 34 
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larger DI engine in Fig. 15-21, the maximum bmep is slightly lower. The best bsfc 
is about 10 percent higher largely due to higher friction mep, but in part due to 
higher heat losses resulting from the less favorable surface/volume ratio of the 
smaller bore engine and higher swirl, and lower heat-release rate of the M.A.N. 
system. Note that the maximum mean piston speed for this engine, 13.3 m/s 
at 5000 rev /min, is comparable to that of the larger medium-swirl engine in 
Fig. 15-21 (10.7 m/s). 

Figure 15-23 gives the performance characteristics of an automotive natu­
rally aspirated swirl-chamber IDI diesel engine. Maximum bmep values are 
usually higher than those of equivalent size DI engines because without the need 
to generate swirl during the intake process, the intake port and valve are less 
restrictive and volumetric efficiency is higher, and because the IOI engine can be 
run at lower A/F without smoking. The best bsfc values are usually some 15 
percent higher than values typical of equivalent DI engines. The best brake fuel 
conversion efficiency of the engine of Fig. 15-23 is 32.5 percent. 

Comparisons between naturally aspirated DI and IDI diesel engines of 
closely comparable design and size indicate that the DI engine is always more 
efficient, though the benefit varies with load. At full load, differences of up to 20 
percent in bsfc have been noted, especially in ~ngines with larger displacement 
per cylinder. At part load, the gain is less-of order 10 percent. Comp_arisons 
should be made at equal emission levels, a task that is difficult to accomplish in 
practice. Emission control with the DI engine is more difficult, so this constraint 
reduces the benefit somewhat. Figure 15-24 shows a breakdown of the indicated 
efficiency differences between the two systems. At full load (A/F = 18 to 20) the 
IOI suffers a penalty of about 15 to 17 percent due in large part to the retarded 
timing of the IDI combustion process and its long, late•burning, heat-release 
profile. At light load, about 300 kPa bmep (A/F = 50), these combustion effects 
are small and the indicated efficiency penalty of the IDI (around 5 to 7 percent) is 
due to the higher heat losses associated with the larger surface area and high­
velocity flow through the connecting nozzle of the divided-chamber geometry 
and due to the pumping pressure loss between the main and auxiliary cham­
bers.36 

Note that all these diesel engine performance maps are similar in general 

Mean piston speed, mis 
4 6 8 10 12 14 

FIGURE 15.23 
Performance map for l.987-dm3 five-cylinder natu­
rally aspirated IOI swirl-chamber diesel engine. 
Contours of constant bsfc in grams per kilowatt­
hour shown. Bore = 76.5 mm, stroke = 86.4 mm, 
r. = 23.35 
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FIGURE 15-24 
Factors which improve the indicated efficiency of 
naturally aspirated small DI diesel combustion 

70 80 systems relative to lDI swirl-chamber combustion 
Air/fuel ratio system, as a function of A/For load.36 

shape and when plotted against SP are quantitatively comparable. The increase in 
bsfc from the minimum value with increasing speed at constant load is due to the 
increase in friction mep, partly offset by the effect of decreasing importance of 
beat losses per cycle on efficiency. The increase in bsfc with decreasing load at 
constant speed is dominated by the decreasing mechanical efficiency as bmep is 
reduced. The indicated fuel conversion efficiency increase as the fuel/air equiva­
lence ratio is decreased partly offsets this. The trends in bsfc when increasing load 
at constant speed and increasing speed at constant load from the minimum are 
more modest. They are the net results of (1) the increase in mechanical efficiency 
and decrease in indicated fuel conversion efficiency as the load increases and (2) 
decreasing indicated efficiency due to increasing importance of heat losses and 
increasing mechanical efficiency as the speed decreases. The enrichment of the 
mixture at high load and low speed of spark-ignition engines is, of course, absent. 

Figure 15-25 shows the effect of load on NOx and HC emissions for natu­
rally aspirated DI and IDI diesel engines. For the DI engine NO.x concentra­
tions rise steadi]y as the fuel/air ratio increases with increasing bmep at constant 
injection timing. The increasing quantity of fuel injected per cycle results in an 
increasing amount of close-to-stoichiometric combustion products near the peak 
pressure and temperature (see Sec. 11.2.4). The IOI engine shows a similiar trend 
except that, at high load, NO.x concentrations level off. These characteristics do 
not change substantially with engine speed. The IOI engine shows significantly 
lower HC emissions than the DI engine. The high HC at idle and light load are 
thought to result from fuel mixing to too lean an equivalence ratio. If diesel 
engines are overfueled at high load, HC emissions then rise rapidly. These BC 
mechanisms are described in Sec. 11.4.4. Injection timing affects NOx and HC 
emissions significantly, as discussed in Sec. 15.5.2 below. 

Figure 15-26 shows smoke and particulate mass emissions from a naturally 
aspirated IDI engine. Rapidly increasing black smoke at very high load limits the 
maximum bmep that a diesel engine can produce. On a specific emission basis 
[Eq. (2.36)], the particulates typically show a U-shaped behavior due to the pre­
dominance of hydrocarbons in their composition at light load and of carbon at 
high load. 38 
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Brake specific HC, NO,, and fuel consumption, and smoke emissions, as a functiioo of percent recycled 
exhaust for 2.4-dm3 four-cylinder high-swirl 01 diesel engine at 1250 rev/min and 255 kPa bmep.39 

Recycled exhaust gas, at part load, can be used to reduce diesel engine Nn~ 
emissions. Note that since diesel engines operate with the air flow unthrottled, at 
part load the CO2 and H20 concentrations in exhaust gas are low; they are 
essentially proportional to the fuel/air ratio. Because of this, high EGR levels are 
required for significant reductions in NOx emissions. Figure 11-18 shows how 
NOx concentrations decrease as a DI diesel engine inlet air flow is diluted at a 
constant fueling rate. The dilution is expressed in terms of oxygen concentration 
in the mixture after dilution. Figure 15-27 shows how the BGR affects specific 
NO.x and HC, fuel consumption, and smoke for a small hiBih-swirl DI diesel 
engine at typical automobile engine part-load conditions. Effoctive reduction of 
bsNOx -is achieved and modest reductions in bsHC, with only at slight increase in 
bsfc. However, smoke increased as the EGR rate increased.39 

15.5.2 Fuel•lnjection Parameters 

Fuel-injection timing essentially controls the crank angle at which combustion 
starts. While the state of the air into which the fuel is injected changes as injec­
tion timing is varied, and thus ignition delay will vary, these e:ffects are predict­
able (see Sec. 10.6.4). The fuel-injection rate, fuel nozzle design (including number 
of holes), and fuel-injection pressure all affect the characteristics of the diesel fuel 
spray and its mixing with air in the combustion chamber. 

Figure 15-28 shows the effect on performance and emilssions of varying 
injection timing, in (a) a medium-swirl DI diesel engine and (b) an IOI engine. At 
fixed speed and constant fuel delivery per cycle, the DI engine shows an optimum 
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Effect of start-of-injection timing on diesel engine performance and emissions. (a) Medium-swirl DI 
diesel engine with deep combustion bowl and four-hole injection nozzle, :z600 rev/min, fuel delivery 
75 mm3/cycle, fuel/air equivalence ratio 0.69.37 {b) Swirl-chamber 1D1 engi111e, 2500 rev/min, 0 and 100 
percent load.40 

bsfc and bmep at a specific start of injection for a given injuction duration.t The 
IOI engine experiments are at fixed bmep; here, bsfc at full load and fueling rate 
at idle show a minimum at specific injection timings. Injection timing which is 
more advanced than this optimum results in combustion starting too early before 
TC; injection retarded from this optimum results in combustion starting too late. 

Injection timing variations have a strong effect on NO,. emissions for DI 
engines: the effect is significant but less for IDI engines. Retarded injection is 
commonly used to help control NO.x emissions. It gives substantial reductions, 
initially with only modest bsfc penalty. For the DI engine, at high load, specific 
HC emissions are low and vary only modestly with injection timing. At lighter 
loads, HC emissions are higher and increase as injection 1becomes significantly 
retarded from optimum. This trend is especially pronouniced at idle. For IDI 
diesel engines HC emissions show the same trends but are much lower in magni­
tude than DI engine HC emissions.41 Figure 15-25 supports this discussion.37 

t This optimum injection timing gives maximum brake torque, though lh1: designation MDT timing 
is less commonly used with diesels than with SJ engines. 
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Retarding timing generally increases smoke, though trends vary signifi­
cantly between different types and designs of diesel engine. Mass particulate emis­
sions increase as injection is retarded. 

The injection rate depends on the fuel-injector nozzle area and injection 
pressure. Higher injection rates result in higher fuel-air mixing rates, and hence 
higher heat-release rates (see Sec. 10.7.3). For a given amount of fuel injected per 
cylinder per cycle, as the injection rate is increased the optimum injection timing 
moves closer to TC. The effects of injection rate and timing on bsfc in a naturally 
aspirated DI diesel engine are shown in Fig. 15-29. The higher heat-release rates 
and shorter overall combustion process that result frorn the increased injection 
rate decrease the minimum bsfc at optimum injection timing: however, a limit to 
these benefits is eventually reached. 

Increasing the injection rate increases NOx emissions and decreases smoke 
or particulate emissions. The controlling physical process is the rate of fuel-air 
mixing in tbe combustion chamber so, at constant fuel injected per cylinder per 
cycle, both increased injection pressure at fixed nozzle orifice area (which reduces 
injection duration) and reduced nozzle area at fixed injection duration produce 
these trends. 42 

The engine designer's goal is obviously to achieve the best bsfc possible 

Injection rate, Injection period 
mm3/deg for dn = 0.28 mm 

400 0 2.5 24°CA 
4 3.0 20 
Q 3.5 17 .1 

• 4.0 15 

• 4.5 13.3 

• 5.0 12 

• 

3,3% _ __ _ -=-r:-,-~-~-~-:..-=--
250 Minimum bsfc locus 

30 20 0 

Injection timing, deg BTC 

FIGURE 15-29 
Effect of injection timing and injection rate on bsfc for 0.97-dm3 single-cylinder naturally aspirated DJ 
diesel engine with swirl. 2000 rev/min, 60 mm3 per stroke fueling rate.42 
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Tradeoff between NO,. and smoke emissions for 
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EGR; constant A/F = 25.43 

with emission levels low enough to satisfy the constraints imposed by emission 
standards. The variations of bsfc, NOx, and particulate~ emissions described 
above involve tradeoffs that make achieving this goal especially difficult. One 
weH-established tradeoff is between bsfc and bsNOx . ][njection retard from 
optimum injection timing decreases bsNOx at the expense of an increase in bsfc. 
A second important tradeoff is that between NOx and particulate emissions, illus­
trated for a DI diesel engine in Fig. 15-30. Smoke is plotted versus NOx for a 
range of speeds, loads (fuel per cycle), injection timings, iriijection pressures, and 
EGR rates. The air/fuel ratio was maintained constant at 25 (</> = 0.58). The 
figure indicates that for a well-optimized DI diesel engine, 1the smoke nitric oxide 
tradeoff is relatively independent of engine speed, injection rate, injection timing, 
and amount of EGR. A given reduction in one of these pollutants through chang­
ing any one of these variables results in a given increase in the other pollutant. 
This tradeoff exists for essentially alt types of diesel engine, though the magnitude 
depends on engine details. 

15.S.3 Air Swirl and Bowl-in-Piston Design 

Increasing amounts of air swirl within the cylinder (see Sec. 8.3) are used in 
direct-injection diesel engines, as engine size decreases and maximum engine 
speed increases, to achieve adequately fast fuel-air mixing rates (see Sec. 10.2.1). 
In these medium-to-small size engines, use of a bowl-in-piston combustion 
chamber (Fig. 10-lb and c) results in substantial swirl amplification at the end of 
the compression process (Sec. 8.3.3). Here, the impacts of v:arying air swirl on the 
performance and emissions characteristics of this type of DI engine are reviewed. 

Since air swirl is used to increase the fuel-air mixing rate, one would expect 
the overall duration of the combustion process to shorten as swirl increases and 
emissions that depend on the local fuel/air equivalence ratio to be dependent on 
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swirl level. Figure 15-31 shows the effects of swirl and injection-timing variations 
on bsfc and emissions of a DI engine of 1.36 dm3 per cylinder displacement with 
a toroidal bowl-in-piston chamber (see Fig. 10-3b). The swirl ratio [Eq. (8.28)] 
was varied using shrouded inlet valves with shrouds of different subtended angle 
(60 to 120°). The injection timing which gives minimum bsfc shifts toward TC as 
the swirl ratio increases due to the decreasing total combustion duration. The 
minimum bsfc was achieved with a swirl ratio of 6 to 7: while higher swirl levels 
continue to increase fuel-air mixing rates, heat transfer increases also and even­
tually offsets the mixing rate gain. Particulate and CO emissions decrease as swirl 
increases due to more rapid fuel-air mixing. NOx emissions increase with increas­
ing swirl. At constant injection timing, however, about half the increase is due to 
the effect of injection advance relative to the optimum timing and half to the 
shorter combustion process.44 Similar trends have been observed as swirl is 
varied with the M.A.N. single-hole-nozzle diesel combustion system of Fig. 10-lc. 

In production engines, the various types of port design shown in Fig. 8-13 
can be used to generate swirl during the induction process. Of these, the helical 
ports are most effective at producing relatively uniform high swirl with the 
minimum loss in volumetric efficiency. 

The geometry of the bowl-in-piston combustion chamber governs the 
extent to which induction-generated swirl is amplified during compression. The 
flow field in the bowl during fuel injection is also dependent on the interaction 
between this swirling flow and the squish motion which occurs as the top of the 
piston crown approaches the cylinder head (see Sec. 8.4). Various types of bowl­
in-piston design for multihole fuel nozzle DI engines are shown in Fig. 15-32 (for 
the M.A.N. single-hole•nozzle system a spherical bowl is used; see Fig. 10-lc). 
More conventional designs (e.g., Fig. 15-32a) have the bowl sides essentially 
parallel to the cylinder liner. Note that it is often necessary to offset the bowl axis 
from the cylinder axis and the injector nozzle hole locations from the bowl axis, 

2000 
E 
8: 1600 

o" 1200 z 

Injection timing, deg BTC 

0.6 ~ 
0 0.2 u 

FIGURE 1~31 
Effect of air swirl on bsfc and emissions of single­
cylinder DI diesel engine with toroidal bowl-in­
piston chamber. 1.36-dm3 displacement, re= 16, 
bowl diameter/bore= 0.5, 2000 rev/min, full load. 
Swirl ratio measured in bowl-in-piston at injec­
tion. 44 
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Various bowl-in-piston chamber designs for DI diesel engines with swirl: (a) conventional straight­
sided bowl,3 7 (b} reentrant bowl,45 (c) square reenlr'ant bowl.4 6 

due to the geometric constraints impos,ed by the valves. An alternative design 
with a reentrant bowl (Fig. 15-32b) is sometimes used to promote more rapid 
fuel-air mixing within the bowl. The squish-swirl interaction with highly reen­
trant bowl designs differs markedly from the interaction in nonreentrant bowls. 
Figure 15-33 shows the two different flow patterns set up in a diametral plane. 
With a conventional bowJ, the swirling air entering the bowl flows down to the 
base of the bowl, then inward and upward in a toroidal motion. In reentrant 
bowls the swirling air entering the bowl spreads downward and outward into the 
undercut region, and then divides into 1a stream rising up the bowl sides and a 
stream flowing along the bowl base. Reentrant chambers generally produce 
higher swirl at the end of compression, and maintain a high swirl level further 

(b) 

FIGURE 15-33 
Flow pattern set up in diametral plane 
by squish-swirl interaction in (a) conventional 
and (b) reentrant bowl-in-piston combus­
tion chambers. I.. cylinder ax.is.'" 
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into the expansion stroke.47 Reentrant chambers usually achieve lower HC and 
smoke emissions and slightly lower bsfc, especially at retarded injection timings. 

Square cavity chambers (see Fig. 15-32c) are also used with swirl to achieve 
low emissions in smaller-size DI diesel engines. The interaction between the swirl 
and the chamber corners produces additional turbulence which, with fuel injected 
into the comers as shown, achieves a more uniform mixture within the bowl. 

The air flow field within bowl-in-piston combustion chambers when fuel 
injection occurs is highly complex. Certain generalizations hold: e.g., reducing the 
bowl diameter at a constant compression ratio increases the swirl levels in the 
bowl at TC (see Eq. (8.35) and the accompanying text] which decreases smoke 
and increases NO~ and HC emissions.37 However, the squish-swirl interaction is 
difficult to unravel, especially with the off-center bowls often required due to the 
constraints on injector location caused by the valves. Figure 14-33 gives an 
example of such a flow. It shows velocity vectors and turbulence intensities in 
two orthogonal bowl-diametral planes within an off-center reentrant bowl as TC 
is approached in a small high-swirl DI engine. The off-center bowl location 
coupled with the swirl-squish interaction cause substantial asymmetry in the flow 
within the bowl. 

15.6 SUPERCHARGED AND 
TURBOCHARGED ENGINE 
PERFORMANCE 

The equations for power, torque, and mep in Sec. 2.14 show that these engine 
performance parameters are proportional to the mass of air inducted per cycle. 
This depends primarily on inlet air density. Thus the performance of an engine of 
given displacement can be increased by compressing the inlet air prior to entry to 
the cylinder. Methods for achieving higher inlet air density in the gas exchange 
processes- mechanical supercharging, turbocharging, and pressure-wave 
supercharging-are discussed in Sec. 6.8. The arrangements of the various practi­
cal supercharging and turbocharging configurations are shown in Fig. 6-37. 
Figures 1-11, 6-40, 6-43, 6-49, 6-53, and 6-58 show examples of the different 
devices used to achieve higher inlet air densities. In this section the effects of 
boosting air density on engine performance are examined. Spark-ignition and 
compression-ignition engines are dealt with separately. Power boosting via super­
charging and/or turbocharging is common in diesel engines: few spark-ignition 
engines are turbocharged. Knock prevents the fulJ potential of boosting from 
being realized in the latter type of engine. A more extensive discussion of turbo­
charged engine operation is provided by Watson and Janota.48 

15.6.1 Four-Stroke Cycle SI Engines 

The bmep of most production spark-ignition engines at wide-open throttle is 
knock-limited over part of the engine speed range (see Sec. 15.4.4). The compres­
sion ratio is usually set at a sufficiently high value so that some spark retard from 

7 
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MBT timing is needed to avoid knock for the expected range of available fuel 
octane ralting and sensitivity (see Fig. 15-17). The propensity of the end-gas to 
knock is increased by increases in end-gas temperature and pressure (see Sec. 
9.6.2). Hence attempts to boost the output of a given size spark-ignition engine 
by an inlet air compression device that increases air pressure and temperature 
will aggravate the knock problem, since end-gas pressure and temperature will 
increase. However, the potential advantages of power boosting are significant. 
The higher output for a given displaced volume will decrease engine specific 
weight and volume (Sec. 2.11). Also, if the power requirements in a specific appli­
cation (such as an automobile) can be met with either a naturally aspirated SI 
engine of :a certain size or with a smaller size engine which is turbocharged to the 
same maximum power, the smaller turbocharged engine should offer better fuel 
economy at part load. At a given part-load torque requirement, the mechanical 
efficiency ,of the smaller turbocharged engine is higher, and if the gross indicated 
efficiencies of the engines are the same, the smaller engine will show a brake 
efficiency benefit. In practice, it proves difficult to realize much of this potential 
efficiency gain for the reasons described below. 

While a naturally aspirated spark-ignition engine may have sufficient 
margin of safety relative to knock to allow modest inlet-air boost, any substantial 
air compression prior to cylinder entry will require changes in engine design 
and/or operating variables to offset the negative impact on knock. The variables 
which are adjusted to control knock in turbocharged SI engines are: compression 
ratio, spairk retard from optimum, charge air temperature, and fuel/air equiva­
lence ratio.t Figure 15-34 shows how the knock limits depend on charge pres­
sure, temJperature, fuel/air equivalence ratio and compression ratio for given 
octane rating fuels. The difference in boost achievable with the premium and the 
regular quality gasoline is significant, as expected (Sec. 9.6.3). Charge-air tem­
perature has a strong influence on allowable boost levels: lowering the com­
pressed air temperature prior to entry to the cylinder with a charge-air cooler 
allows a substantially higher compression ratio to be used at a given boost level, 
with a corresponding impact on engine efficiency,l The boost pressure benefits of 
the richer mixtures in Fig. 15-34a (</> = 1.1 compared with 0.9) are largely due to 
the cooling effect of the additional fuel on the air charge. For example, Fig. 
15-34b shows that, with a rich mixture and charge cooling to 60°C, a charge 
pressure 01f 1.5 atm can be utilized at optimum spark timing with a compression 
ratio of 8 .. Without charge cooling, the same charge pressure can only be used 
with a compression ratio of 6.49 

In t1L1rbocharged SI engines, the knock limit is usually reached at spark 
timings re:tarded from the MBT optimum. Figure 15-35 shows the brake mean 

t Valve timing changes are often made too. These are done primarily to improve low-speed torque 
where turbocharging has a limited impact. 

t The turboc:harged engine in Fig. 1-10 has an intercooler to reduce the inlet charge temperature. 
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FIGURE 15-34 
Dependence of SI engine knock limits on: (a) charge pressure, temperature, and equivalence ratio <J,, 
with rr = 7, 2500 rev/min, MBT timing, 91 and 100 research octane number fuel ; (b) charge pre,~sure 
and compression ratio, without and with (to 60°C) charge air cooling, 2500 rev/min, MBT ti.ming, 
<J, = 1.1, 100 RON fuel.49 

effective pressure achievable at a fixed compression ratio as a function of charge 
pressure and ignition timing with and without charge-air cooling. Additional 
retard allows higher boost pressures to be utilized; however, at a constant safety 
margin from the knock limit, the resulting gains in bmep decrease as retard is 
increased. To avoid an unnecessary fuel consumption penalty, retarded timing 
should only be used when the turbocharger does develop a high boost pressure, 

The above discussion illustrates why turbocharged spark-ignition engines 
normally have lower compression ratios than naturally aspirated engines, use 
substantial mixture enrichment (up to ¢ ~ 1.3) at high boost to cool the charge, 
often use an intercooler to reduce the charge-air temperature, and operate with 
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FIGURE 15-35 
Brake mean effective pressure and knock limits for 
turbocharged SI engines as a runction of spark 
advance and inlet pressure p1 (in atmospheres). 2500 
rev/min, r, = 7, <J, = 1.1, 99 RON fuel, without and 
with (AT = 45°C) charge-air cooling.49 
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retarded timing at high boost pressures. Since compression ratio reductions and 
retarded ignition timings result in losses in efficiency, and unintended knock with 
high boost pressures would be especially damaging, precise i:ontrol of ignition 
timing is critical. Most turbocharged SI engines now use a knock sensor and 
ignition-timing control system so that timing can be adjuste:d continuously to 
avoid knock without unnecessary retard. The sensor is usually an accelerometer 
which senses above-normal vibration levels on the cylinder hea1d at the cbaracter­
istic knock frequency. With a knock sensor, ignition timing can be automatically 
adjusted in response to changes in fuel octane rating and sensiitivity, and ambient 
conditions. 

Turbocharged SI engines where fuel is mixed with tbe air upstream or 
downstream of the compressor, using carburetors or fuel-injection systems, have 
been developed and used. Most modern turbocharged engines use port fuel injec­
tion. This provides easier electronic control of fuel flow, avoid8 filling most of the 
pressurized manifold volume with fuel-air mixture, and impiroves the dynamic 
response of the system by reducing fuel transport delays. 

We now consider the performance of actual turbocharged spark-ignition 
engines. Examples of compressor outlet or boost pressure ~cbedules as a function 
of speed at wide-open throttle for three turbocharged engines are shown in 
Fig. 15-36. The essential features of the curves are the same. Below about 1000 
engine rev/min the turbocharger achieves negligible boost. B•oost pressure then 
rises with increasing speed to 1.4 to 1.8 atm (absolute pressure) at about 2000 
rev/min. Boost pressure then remains essentially constant with increasing engine 
speed. The rising portion of the curve is largely governed by the relative size of 
the turbine selected for a given engine. This is usually expressed in terms of the 
A/R ratio of the turbine-the ratio of the turbine's inlet casing or volute area A 
to the radius of the centroid of that area. Lower A/R values (smaller-capacity 
turbines) give a more rapid boost pressure rise with increasing speed; however, 
they give higher boost pressures at high engine speed, which is undesirable.48
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FIGURE lS.36 
Boost pressure schedules for three turbocharged 
spark-ignition engines: (a) 3.8-dm3 V-6 engine, 
86.4 mm stroke, r, = 8;' 0 (b)I 2.2-dm3 four-cylinder 
engine, 92 mm stroke. r, = 8..1 : J 1 (c) 2.32-dm3 four­
cylinder engine, 80 mm strok,e, re = 8.7.51 All sched· 
ulcs are wastegate controlled. 
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FJGURE 15-37 
Power and torque as a (unction o( engine speed 
for two turbocharged and one naturally aspi­
rated four-cylinder spark-ignition engine. See 
Table 15.3.52 

high engine speed· the details of this problem have already been discussed above. 
Even with the use of very rich mixtures and spark retard at WOT, lower com­
pression ratios for turbocharged engines, and intercooling, knock avoidance 
requires that boost pressures (which would continue to rise with increasing 
engine speed in the absence of any control) be maintained approximately con­
stant. This is normally achieved by reducing the exhaust flow t~ougb the turbine 
as speed increases by bypassing a substantial fraction of the exhaust around the 
turbine through the wastegate or flow control valve (see Sec. 6.8.4). A wastegate is 
a spring-loaded valve acting in response to the inlet manifold pressure on a con­
trolling diaphragm. Although other methods of controlling boost can be used,48 

the wastegate is the most common. About 30 to 40 percent of the exhaust 
bypasses the turbine at maximum engine speed and load. 

Figure 15-37 compares the performance of two turbocharged spark•ignition 
engines (four~cylinder, 2.1- and 2.3-dm3 displacement) with that of the base 
2.3-dm3 engine in its naturally aspirated form. Table 15.3 gives details of these 

TABLE 15.3 
Turbocharged spark-ignition engine perf ormance52 

Type 2.l-dm3 TC 2.3-dm3 NA l.J.dm3 TC/AC 

Displacement, dm 3 2.127 2.316 2.316 
Bore x stroke, mm 92 X 80 96 X 80 96 X 80 
Compression ratio 7.5 9.5 8.7 
Maximum power kW at rev/min 98 at 5400 83 at 5400 117 at 5300 
Maximum torque, N ·mat rev/min 210 at 3800 184 at 2800 250 at 2900 
Maximum bmep, kPa 1241 998 1356 

Page 907 of 966



874 INTtlRNAL COMBUSTION ENGINE FUNDAMENTALS 

., 
80 :, 

8" 
9 

~ 60 

-~ 
40 a 

i= 
8 
~ 

11. 
20 

0 

-- Turbocharged --- Naturally aspirated! 

-, 
27 ,,/ 

........... _ ------- _.3()() 

300 ........ 
-400. _.,. 

-400~400 
bsfc, g/kW •h 

20 30 40 so 60 70 80 90 100 
Percent maximum mean piston speed 

FIGURE 15--38 
Comparison of bsfc contours (in grams per 
kilowatt-hour) on performance maps of turbo­
charged and naturally aspirated versions of the 
same spark-ignition engine, scaled to the same 
maximum torque and mean piston speed. 53 

three engines. The 2.1-dm3 turbochargt:d but not intercooled engine (which also 
does not have a knock sensor to contrnl spark advance) requires a lower com­
pression ratio and achieves less of a bmep gain than the 2.3-dm3 turbocharged 
intercooled engine with its knock-sensor spark-advance control, which together 
permit use of a higher compression ratio. Turbocharging the naturally aspirated 
2.3-dm3 engine, with the modifications indicated, results in a 36 percent increase 
in maximum engine torque and a flatter torque-versus-speed profile. 

The brake specific fuel consumption contours of an engine produced in both 
naturally aspirated and turbocharged vi:rsions are shown in Fig. 15-38. The data 
have been scaled to represent engines of different displaced volume but the same 
maximum engine torque. The smaller-diisplacement low-compression-ratio turbo­
charged engine (re = 6.9) shows a redu,ction in bsfc at low speed and part load 
due to improved mechanical efficiency. At high speed and load the larger­
displacement naturally aspirated engine has an advantage in bsfc due to its 
higher compression ratio (8.2), less enric:hment, and more optimum timing.53 In a 
vehicle context, the low-speed part-load advantage of the smaller size but equal 
power turbocharged engine should resullt in an average fuel economy benefit rela­
tive to the larger naturally aspirated engine. This benefit has been estimated as a 
function of load. At full load the average efficiencies should be comparable; at 
half load, the turbocharged engine should show a benefit of about 10 percent, the 
benefit increasing as load is decreased.491 

15.6.2 Four-Stroke Cycle CI Engim:s 

The factors that limit turbocharged diesel engine performance are completely 
different to those that limit turbocharged spark-ignition engines. The output of 
naturally aspirated diesel engines is limited by the maximum tolerable smoke 
emission levels, which occur at overall equivalence ratio values of about 0.7 to 
0.8. Turbocharged diesel engine output is usually constrained by stress levels in 
critical mechanical components. These maximum stress levels limit the maximum 
cylinder pressure which can be tolerated under continuous operation. though the 
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thermal loading of critical components can become Limiting too. As boost pres .. 
sure is raised, unless engine design and operating conditions are changed, 
maximum pressures and thermal loadings will increase almost in proportion. In 
practice, the compression ratio is often reduced and the maximum fuel/air equiv­
alence ratio must be reduced in turbocharged engines (relative to naturally aspi­
rated engines) to maintain peak pressures and thermal loadings at acceptable 
levels. The fuel flow rate increases at a much lower rate than the air flow rate as 
boost pressure is increased. Limitations on turbocharged engine pi:,rformance are 
discussed more fu11y by Watson and Janota.48 

Small automotive indirect-injection (IOI) turbocharged engi1nes are limited 
by structural and thermal considerations to about 130 atm maximum swirl- or 
pre-chamber pressure, 14 m/s maximum mean piston speedl, and 860°C 
maximwn exhaust temperature.54 Smoke and NOx- emission standards are addi­
tional constraints. Figure 15-39 shows the full-load engine and turbocharger per­
formance characteristics of a six-cylinder 2.38-dm3 displacement Comet V 
swirl-chamber automobile diesel engine. The maximum boost pressure is con­
trolled by a poppet-valve-type wastegate to 0.75 bar above atmospheric. The fuel 
consumption map for this engine is shown in Fig. 15-40. Superimposed on the 
turbocharged engine map is the map for the base naturally aspirated swirl­
chamber IOI engine of the same geometry and compression ratioi (r c = 23). The 
turbocharged engine has a maximum torque 46 percent higher and a maximum 
power 33 percent higher than the naturally aspirated engine. The best bsfc values 
are closely comparable. 

The different methods of supercharging internal combustio1D engines were 
reviewed in Sec. 6.8. Turbocharging, mechanical superchargi~g with a Roots 
blower, and pressure wave supercharging with the Comprex :are alternative 
methods of boosting the performance of a small automotive swirl-chamber IDI 
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diesel engine. Figure 15-41 compares the torque and bsfc values obtained with 
each of these supercharging methods on a performance map for a l.2-dm3 engine. 
Values for a 1.6-dm3 naturally aspirated IDI diesel engine are also shown. All 
three approaches achieve close to the desired maximum power of the 1.6-dm3 NA 
engine (40 kW at 4800 rev/min): e.g., 1.2-dm3 turbo, 41.2 kW at 4500 rev/min; 
1.2-dm3 Comprex with intercooler, 42.3 kW at 3500 rev/min; l.2-dm3 Roots, 
37.6 kW at 4000 rev/min. The Comprex system produces the highest torque at 
low engine speeds, even under unsteady engine operating conditio1ns. The density 
of the charge air determines the amount of charge, and hence the tiarque. Charge­
air pressure and temperature for the three supercharging systems are shown in 
Fig. 15•42. The Comprex (here without an intercooler) must ba.ve the highest 
charge pressure because it has the highest charge temperature:::. Intercooling 
would be particularly effective in this case. 55 

Small high-speed high-swirl turbocharged direct-injection diesel engines 
(e.g., suitable for automobile or light-truck applications) hav1e similar per­
formance maps to those of equivalent IDI engines (Figs. 15-39 and 15-40). 
Maximum bmep values are closely comparable: usually slightly J~igher boost is 
required to offset the lower volumetric efficiency of the high-swirl-generating port 
and valve of the DI engine. Best bsfc values for the DI engine are: usually about 
15 percent lower than of comparable IOI engines (see Ref. 56). 

The operating characteristics of larger medium-swirl turbocharged DI 
diesel engines are illustrated by the data shown in Fig. 15-43. The engine is a 
12-dm3 displacement six-cylinder heavy-duty truck engine. The combustion 
chamber is similar to that shown in Fig. 15-32c, with a square combustion cavity 
and relatively low levels of swirl. The swirl is generated by a helical[ port in one of 
the two intake ports and a tangential port in the other in the four-valve cylinder 
head. Both the engine's operating map and the turbocharger co1mpressor map 
with the boost pressure curve superposed are shown for two diffemnt compressor 
impellors. The adoption of the backward-vaned rake-type impellor compared to 
a more conventional design significantly increases low- and med!ium-speed per-
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Performance characteristics of turbocharged 12-dm3 six-cyUnder medium-swirl heavy-duty truck DI 
diesel engine, with two different compressor impellors: {a) fuel consumption maps ; (b) compressor 
maps with full-load boost operating line for ,engine with backward-vaned impellor superposed. 
Bore ""' 135 mm, stroke= 140 mm, r, = 16.~7 

formance by improving the compressor efficiency over the engine's boost pressure 
curve (Fig. 15-43b). A wastegate is then used to control the boost level at high 
engine speeds. The improvement in low-speed engine torque is apparent in 
Fig. 15-43a. The dependence of the maximum torque curve on both engine and 
turbocharger design details is clear. With boost pressure ratios limited to below 
2, in the absence of air-charge coolingt, maximum bmep values of 1.1 MPa are 
typical of this size and type of diesel engine. 

With structurally more rugged component designs, aftercooled turbo­
charged medium-speed diesel engines with swirl in this cylinder size range can 
utilize higher boost and generate much higher bmep. Wastegate control of boost 
is no longer required. Figure 15.44 shows the performance characteristics of a 
V-8 cylinder engine with its compressor map and full-load boost characteristic. 
This turbocharged intercooled engine~ achieves a maximum bmep of about 
1.5 MPa and bsfc below 200 g/kW • h between the maximum torque speed and 
rated power. Boost pressure at full load increases continuously over the engine 
speed range. 58 
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(b) 

Performance characteristics of medium-speed turbocharged aftercooled DI diesel engine. (a) Torque, 
power, smoke number, and bsfc for V twelve-cylinder version. (b) Compressor characteristics and 
engine full-load line for V-8 cylinder version. Bore = 128 mm, stroke = 140 mm~ r, = 15. 58 

Examples of values of combustion-related parameters for this type of engine 
over the load range at its maximum rated speed are shown iQ Fig. 15-45 for a 
14.6-dm3 six-cylinder turbocharged aftercooled DI diesel engine with a boost 
pressure ratio of 2 at rated power. The ignition delay decreases to about 10° 
(0.9 ms at 1800 rev/min) as load is increased. The bmep at 100 percent rated load 
at this speed is 1.2 MPa. Exhaust temperature increases substantially with 
increasing load: maximum cylinder pressure increases to about 10 MPa at the 
rated load. In this particular study it was found that these operating parameters 
were relatively insensitive to fuel variations. The cross-hatched bands show data 
for an additional nine fuels of varying sulfur content, aromatic content, 10 and 90 
percent distillation temperatures. 59 

Higher outputs can be obtained with two-stage turbocharged aftercooled 
diesel engines, the arrangement shown in Fig. 6-37d. The performance character­
istics of such a high bmep (1.74 MPa) six-cylinder engine of 14-dm3 displacement 
are shown in Fig. 15-46. The high air flow requires an overall pressure ratio of 3 
at sea level ambient conditions (rising to 4 at 3658 m altitude). This was obtained 
at lower cost with two turbochargers in series than with a multistage single tur­
bocharger. At rated conditions, the maximum cylinder pressure is 12.7 MPa and 
the maximum mean piston speed is 10.6 m/s. 

Additional gains in efficiency with these heavy~duty automotive diesel 
engines can be achieved with turbocompounding: some of the available energy in 
the exhaust gases is captured in a turbine which is geared directly to the engine 
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drive shaft. The above discussion indicates that typical turbocharged DI diesel 
engines achieve bsfc levels of 210 to 220 g/kW • h (brake fuel conversion effi­
ciencies of 0.4 to 0.38). With the increased cylinder pressure capability, higher 
fuel-injection pressures, and lower-temperature aftercooling of the above higher 
bmep engines, bsfc values of 200 g/k.W • h (0,42 brake efficiency) or lower can be 
achieved. With turbocompounding, bsfc values can be reduced another 5 to 6 
percent to about 180 g/kW • h, or a brake efficiency of 0.47, at rated power.61 

The largest four-stroke cycle DI diesel engines are used for marine propul­
sion. An example is the Sulzer 400 mm bore 480 mm stroke engine which pro~ 
duces 640 kW per cylinder at 580 rev/min (SP= 9.3 m/s). Very high bmep levels 
(2.19 MPa) are achieved at maximum continuous rated power through progress 
in turbocharger design and engine improvements which allow higher maximum 
cylinder pressures. These, combined with optimization of gas exchange and com­
bustion processes, achieve bsfc values of 185 to 190 g/kW • h (45 to 46 percent 
brake efficiency). 62 

Many diesel system concepts are being examined which promise even 
higher output and/or efficiency. Variable-geometry turbocharger-turbine nozzles 
improve utilization of exhaust gas available energy at low engine speeds. The 
hyperbar turbocharging system-essentially a combination of a diesel engine 
with a free-running gas turbine (a combustion chamber is placed between the 
engine and the turbocharger turbine)-has the potential of much higher bmep. 
Diesel systems with thermally insulated combustion chambers which reduce heat 
losses and increase the availabl~ exhaust energy have the potential for improving 
efficiency and for increasing power through additional exhaust energy recovery in 
devices such as compounded turbines and exhaust-heated Rankine cycle 
systems.48 

15.6.3 Two-Stroke Cycle SI Engines 

The two-stroke cycle spark-ignition engine in its standard form employs sealed 
crankcase induction and compression of the fresh charge prior to charge transfer, 
with compression and spark ignition in the engine cylinder after charge transfer. 
The fresh mixture must be compressed to above exhaust system pressures, prior 
to entry to the cylinder, to achieve effective scavenging of the burned gases. Two­
stroke cycle scavenging processes were discussed in Sec. 6.6. The two-stroke 
spark-ignition engine is an especially simple and light engine concept and finds 
its greatest use as a portable power source or on motorcycles where these advan­
tages are important. Its inherent weakness is that the fresh fuel-air mixture which 
short-circuits the cylinder directly to the exhaust system during the scavenging 
process constitutes a significant fuel consumption penalty, and results in excessive 
unburned hydrocarbon emissions. 

This section briefly discusses the performance characteristics of small crank­
case compression two-stroke cycle SI engines. The performance characteristics 
(power and torque) of these engines depend on the extent to which the displaced 
volume is filled with fresh mixture, i.e., the charging efficiency [Eq. (6.24)]. The 
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fuel consumptiton will depend on both the trapping efficiency [Eq. (6.21)] and the 
charging effici1ency. Figure 15-47a shows how the trapping efficiency r,1, varies 
with increasing delivery ratio A at several engine speeds for a two-cylinder 
347-cm3 displ1:1cement motorcycle crankcase compression engine. The delivery 
ratio increases from about 0.1 at idle conditions to 0.7 to 0.8 at wide-open throt-
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(a) Trapping and charging efficiencies as a function of the delivery ratio. (b) Dependence of brake 
mean effective pmssure on fresh-charge mass defined by charging efficiency. Two-cylinder 347-cm3 

displacement two-:stroke cycle spark-ignition engine.6 3 
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tie. Lines of constant charging efficiency >7ch [which equals A>7,r; i,ee Eq. (6.25)] 
are shown. Figure 15-47b shows bmep plotted against these char,ging efficiency 
values and the linear dependence on fresh charge mass retained is clear. 

Performance curves for a three-cylinder 450-cm3 two-stroke cycle minicar 
engine are shown in Fig. 15-48. Maximum bmep is 640 kPa at about 4000 rev/ 
min. Smaller motorcycle engines can achieve slightly higher maximum bmep at 
higher speeds (7000 rev/min). Fuel consumption at the maximum bmep point is 
about 400 g/kW • h. Average fuel consumption is usually one-and-a-half to two 
times that of an equivalent four-stroke cycle engine. 

CO emissions from two-stroke cycle engines vary primarily with the fuel/air 
equivalence ratio in a manner similar to that of four-stroke cycle engines (see 
Fig. 11-20). NOx emissions are significantly lower than from four-:stroke engines 
due to the high residual gas fraction resulting from the low charging efficiency. 
Unburned hydrocarbon emissions from carbureted two-stroke engines are about 
five times as high as those of equivalent four-stroke engines due toi fresh mixture 
short-circuiting the cylinder during scavenging. Exhaust mass hydrocarbon emis­
sions vary approximately as A(l - Yfir)<P, where ¢ is the fuel/a;ir equivalence 
ratio.63 

15.6.4 Two-Stroke Cycle CI Engines 

Large marine diesel engines (0.4 to 1 m bore) utilize the two-stroke cycle. These 
low-speed engines with relatively few cylinders are well suited to marine propul• 
sion since they are able to match the power/speed requirements of ships with 
simple direct-drive arrangements. These engines are turbocharged to achieve high 
brake mean effective pressures and specific output. The largest of these engines 
can achieve brake fuel conversion efficiencies of up to 54 percent. An example of 
a large marine two-stroke engine is shown in Fig. 1-24. Over the past 25 years 

I 
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the output per cylinder of such engines has increased by a factor of more than 
two, and fuel consumption has decreased by 25 percent. These changes have been 
achieved by increasing the maximum firing pressure to 13 MPa, and by refining 
critical engine processes such as fuel injection, combustiion, supercharging, and 
scavenging. The uniflow-scavenging process is now prefeirred to loop scavenging 
since it achieves higher scavenging efficiency at high stroke/bore ratios and 
allows increases in the expansion stroke.62 

The performance characteristics of a 580 mm bore Sulzer two-stroke 
marine diesel engine with a stroke/bore ratio of 2.9 are shown in Fig. 15-49. The 
solid lines show the standard turbocharged engine characteristics. The rated 
speed for the engine is 125 rev /min, corresponding to a maximum mean piston 
speed of 7.2 m/s. The rated bmep is 1.66 MPa. The minimum bsfc is 175 
g/kW • h which equals a brake fuel conversion efficiency of 48 percent. For larger 
lower-speed engines, the efficiency is higher. The dashed ilines show how the per­
formance of this engine can be improved by turbocompo1unding. A proportion of 
the engine's exhaust flow, at loads higher than 50 percent, is diverted from the 
turbocharger inlet to a separate turbine coupled to the en1gine power takeoff gear 
via an epicyclic speed-reduction gear and hydraulic coupling. The additional 
power recovered in this manner from the engine exhaust flow improves bsfc by 
5 g/kW • h. At part load, when the full exhaust flow passes through the turbo­
charger, an efficiency gain is also obtained, due to the hig;her scavenging pressure 
(and therefore increased cylinder pressure) obtained with t:he full exhaust flow. 
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diesel engiine. Bore = 230.2 mm, 
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Both two-stroke and four-stroke cycle diesel engines c1f intermediate size 
(200 to 400 mm bore) are used in rail, industrial, marine, and oil drilling applica­
tions. The performance characteristics of a turbocharged! two-stroke cycle 
uniflow-scavenged DI diesel engine (similar to the engine in Fig. 1-5), with 
230.2 mm bore, 279.4 mm stroke, and a compression ratio of 16, are shown in 
Fig. 15-50. Combustion in the shallow dish-in-piston chambe:r with swirl occurs 
smoothly yielding a relatively low rate of pressure rise. The pr,essure curve shown 
with peak pressure of 13.3 MPa is for full-load operation. The bmep at rated 
power at 900 rev/min is 0.92 to 1.12 MPa depending on application. The 
maximum mean piston speed is 8.4 m/s. The bsfc of 200 g/kVt/ • h corresponds to 
t//. b = 0.42. 
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FIGURE 1~51 
Brake power and specific fuel consumption (grams per kilowatt-hour) map of four-cylinder 3.48-dm3 

uniftow-scavenged two-stroke cycle DI diesel engine. Engine turbocharged at mid and high 
loads ; Roots blown at low loads. Maximum boost pressure ratio= 2.6. Bore= 98.4 mm, 
stroke= 114.3 rn.m, r, = 18.66 

Smaller turbocharged two-stroke cycle DI diesel engines also compete with 
four-stroke cycle engines in the marine, industrial, and construction markets. The 
fuel consumption map of such a four-cylinder 3.48-dm3 displacement uniflow• 
scavenged two-stroke cycle diesel engine is shown in Fig. 15-51. The engine uses 
a Roots blower to provide the required scavenging air pressure for starting and 
light-load operation. At moderate and high loads the turbocharger supplies suffi­
cient boost and the blower is not needed; the blower is unloaded (air flow is 
bypassed ariound the blower) under these conditions. The engine generates 
138 kW at its rated speed of 2500 rev/min (mean piston speed of 9.5 m/s) and a 
maximum bmep of 951 kPa at 1500 rev/min. The best bsfc is 225 g/kW • h and 
the maximum boost pressure ratio is 2.6. 

15.7 ENGINE PERFORMANCE SUMMARY 

The major performance characteristics of the spark-ignition and compression­
ignition engines described in previous sections of this chapter are summarized 
here to highllight the overall trends. Table 15.4 lists the major design features of 
these engines, the bmep at maximum engine torque, bmep and the value of the 
mean piston speed SP at maximum rated power, and the minimum value of bsfc 

Page 920 of 966



TABLE 15.4 

Performance of representative engines in diff'erent categories1 

Volume Maximwn torque Rated maximum power Maximum efficiency 
per Numb,er 

Engine Bore, Stroke, Stroke/ cylimder, of bmep, Speed. bmep, Speed, Boostpres- s", bsfc 
~t mm mm bore r. dm3 cylinders k.Pa rev/min k.Pa rev/ID.in sure ratio m/s g/kW·b 11f, 1> Refereoce 

SI/4S/NA 96.8 86 0.88 8.6 0.632 6 910 2500 750 4300 - 123 
SI/4S/NA 84.5 88 1.04 8.5 0.494 4 966 2800 767 5200 - 15.3 67 
Sl/4S/NA 86"' 86* 1• 8.S* o.s 4 910 3500 758 5000 - 14.3 274 0.30 13 
SI/4S/NA 96 80 0.83 9.5 0.579 4 998 2800 796 5400 - 14.4 52 
Sl/4S{fC 92 80 0.87 7.5 0.532 4 1241 3800 1024 5400 t.6• 14.4 52 
SI/4S/fCAC 96 80 0.83 8.7 0.579 4 1356 2900 1144 5300 1.6 14.1 52 

S1/2S/C 58 56 0.97 0.144 3 654 3500 575 4500 8.4 ~400• ~0.2 64 
Sl/ '2S/C 64 54 0.84 0.174 2 686 7000 590 8200 14.8 ~340• ~0.24 63 

IDl/45/NA 76.5 86.4 1.13 23 0.397 s 850 3100 670 4800 - 13.8 280 0.30 35 
IDI/45/NA 84 82 0.98 22 0.454 4 675 2000 502 5000 - 13.7 4 
JDI/4S/NA 102 100 0.98 19 0.817 4 848 2200 743 3500 - 11.7 251 0.34 46 
JDI/4S/fC 76.S 86.4 1.13 23 0.397 6 1080 2400 840 4800 1.7 13.8 240 0.35 54 

Dl/4S/NA 76.5 80 1.05 18.5 0.368 4 735 2800 600 5000 - 13.3 246 0.34 34 
Dl/4S/NAA 102 100 0.98 18 0.817 8 184 2000 682 3200 - 10,7 220 0.39 33 
DI/4S/NA 102 JOO 0.98 17 0.817 4 886 2200 782 3500 - 11.7 221 038 46 
Dl/4S/NA 115 135 1.17 16 1.40 6 851 1400 777 2700 - 12.2 204 0.42 3 
Dl/45/NA 135 140 1.04 2.00 6 862 1400 763 2500 - 11.7 51 
Dl/4S/TC 115 135 1.l7 1.40 6 1098 1500 941 2500 11.2 203 0.42 3 
D1/45/TCAC 115 135 1.17 1.40 6 1344 1600 1240 2300 10.4 3 
Dl/4S/fCAC 128 140 1.09 ts 1.8 frl6 1560 1500 1280 2100 2.5 9.8 195 0.43 58 
Dl/4S/TC 135 140 l.04 16 2.00 6 1087 1300 911 2300 1.9 10.7 210 0.40 57 
DI/4S/2TCAC 140 152 1.09 2.33 6 1740 1400 1445 2100 3 10.6 207 0.41 60 
Dl/4S/fCAC 400 480 1.20 603 frlB 2190 580 93 185 0.46 62 

Dl/2S/fC 98.4 114.3 1.16 18 0.870 3, 4, 6 1065 1500 952 2500 2.6 9.5 226 0.37 66 
Dl/2S/fC 230 279.4 1.21 16 11.6 8-20 920-1122 900 2.8 8.4 200 0.42 65 
D1/2S/fCAC 380-840 J 100-2900 2.9--3.4 !25-1607 4-12 1660 19fr90 3.S 7.2 180-J(,() 0.47--0.53 62 

I t Engioc type: SI = sparl:.-iguitioo; 101 = iodircct-iojectioo compression-ignition; DI = dirc<:t-injcctioo comprcssion-iguition; 4S = four-stroke: 2S = two-stroke; NA= naturally aspirated; NAA = NA aod air-cooled; 
..._. C = crankcase oompn:ssioo of scavenging mixture; TC ~ turbochargod; TCAC = turbocharged and altm:ooled; 2TC = two-stage turbocharged. 

• Denote$ CJtimatecl value. 

Page 921 of 966



888 INTERNAL COMBUSTION BNGrNE FUNDAMENTALS 

and the corresponding brake fuel conversion efficiency. It should. be stressed that 
there are many different engine configurations and uses, and that for each of 
these there are variations in design and operating characteristics. However, these 
representative values of performance parameters illustrate the following trends: 

1. Within a given category of engines (e.g., naturally aspirated four-stroke SI 
engines) the values of maximum bmep, and bmep and SP at maximum rated 
power, are closely comparable. Within an engine category where the range in 
size is substantial, there is an increase in maximum bmep a111d a decrease in 
minimum bsfc as size increases due to the decreasing relativ•e importance of 
friction and heat loss per cycle. There is also a decrease in SP at maximum 
power as engine size increases. Note the higher bmep of naturally aspirated SI 
engines compared to equivalent NA diesels_ due to the fuel-rich operation of 
the former at wide-open throttle. 

2. Two-stroke cycle spark-ignition engines have significantly lower bmep and 
higher bsfc than four-stroke cycle SI engines. 1 

J. The effect of increasing inlet air density by increasing in1let air pressure 
increases maximum bmep values substantially. Turbocharging with after­
cooling gives increased bmep gains relative to turbochargin.g without after­
cooling at the same pressure level. The maximum bmep of turbocharged SI 
engines is knock-limited. The maximum bmep of turbocharged compression­
ignition engines is stress-limited. The larger CI engines are de:signed to accept 
higher maximum cylinder pressures, and hence higher boost. 

4. The best efficiency values of modern automobile SI engines: and IOI diesel 
engines are comparable. However, the diesel has a significant advantage at 
lower loads due to its low pumping work and leaner air/fuel ratio. Small DI 
diesels have comparable (or slightly lower) maximum bmep to equivalent IOI 
diesels. The best bsfc values for DI diesels are 10 to 15 percent better, however. 

5. In the DI diesel category (which is used over the largest size irange-less than 
100 mm bore to almost 1 m), maximum bmep and best brake: fuel conversion 
efficiency steadily improve with increasing engine size due to reduced impact 
of friction and heat loss per cycle, higher allowable maximum cylinder pres­
sure so higher boost can be used, and (additionally in the: larger engines) 
through turbocompounding. 

PROBLEMS 

15.1. The schematics show three different four-stroke cycle spark-ignition engine com­
bustion chambers. A and B are two-valve engines, C is a four••valve engine (two 
inlet valves which open simultaneously, two e:i<haust valves). Diimensions in milli­
meters are indicated. A and C have normal inlet ports and do1 not generate any 
swirl, B has a helical inlet port and generates substantial swirl. Spark plug locations 
are indicated. All three engines operate at the same speed {3000 rev/min), with the 
same inlet mixture composition, temperature, and pressure, and have the same dis­
placed volume. 
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(a) Rank the chambers 1, 2. 3 in the order of their volumetric efficien1cy (1 = highest 
'1vl-

(b) Rank the chambers in order (1, 2, 3) of their flame frontal arf:a {1 = highest) 
when the mass fraction burned is about 0.2 and the piston is at TC. 

(c) Given this relative flame front area ranking, discuss whetl1er 1the ranking by 
mass burning rate dmJdt will be different from the flame area rantking. 

(d) Briefly discuss the knock implications of these three chamber de1signs. Which is 
likely to have the worst knock problem? 

EB Spark plug 

~.@ 
~~ 

16mm 

13 mm 
.... F--tOO_mm_-:1_ Y F100 mm-----3 

A. 2-valve 
Side plug 
Normal pon 

B. 2-valve C. 4-valve 
Plug 16 mm from axis Center plug 
Helical port Normal pons FIGURE IPlS-J 

15.2. Figures 15-23 and 15-10 show the variation in brake specific fud consumption 
(bsfc) for a swirl-chamber IOI automobile diesel (D) and a conventional automobile 
spark-ignition (SI) engine as a function of load and speed, respectiv,~ly. From these 
graphs determine, and then plot, brake fuel conversion efficiency: (1) as a function 
of speed at full load and (2) as a function of load at a mid-speed of 2500 rev /min. 
Both engines are naturally aspirated. Assume the engine details are: 

Compression Equivalence Displacement, 
ratio natio noge dmJ 

Diesel 22 0.3-0.8 2.3 
SI engine 9 1.0-1.2 1.6 

(a) List the major engine design and operating variables that determine brake fuel 
conversion efficiency. 

(b) Explain briefly the reasons for the shapes of the curves you have plotted and the 
relative relationship of the D and SI curves. 

(c) At 2500 rev/min, estimate which engine will give the higher maximum brake 
power. 

1S.3. The diesel system shown in the figure consists of a multicylinde:i: recjprocating 
diesel engine, a tui:bocharger (with a compressor C and turbine TT mechanically 
connected to each other), an intercooler (I), and a power turbin,e (T p) which is 
geared to the engine drive shaft. The gas and fuel flow paths and the gas states at 
the numbered points are shown. You can assume that the specific heat at constant 
pressure cP of the gas throughout the entire system is 1.2 kJ/kg • K ~md "I= c,Jcu = 
1.333. The engine operates at 1900 rev/min. The fuel has a lower beating value of 
42 MJ/kg of fuel. 
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(a) What is the power (in kilowatts) which the turbocharger turbine (Tr) must 
produce? What is the gas temperature at exit to the turbocharger turbine? 

(b) What is the power turbine power output? 
(c) The heat losses in the engine are 15 percent of the fuel's chemical energy 

(m1 QL.Hv), Find the engine power output, the total system power output, and 
the total system brake fuel con version efficiency (friction effects in the engine 
and power turbine are internal to these devices and do not need to be explicitly 
evaluated). 

I nun 
300K 

Fuel 

Air 
0.53 kg/s Tu boch 

1 M r nrger 

C 1=====1 Tr 

2.5 aim 
3 320 K 

Engine 

Ts, 1.5 atm 
Power 

5 turbine 
4 850 K J 

4 iltm 

Tp 

0.018 kg/s 

675 K 
I atm 

Geared to drive shaft 
Ex.hausl 

FIGURE Pl>3 

15.4. The attached graph shows how the brake power and specific fuel consumption of a 
four-stroke cycle single-cylinder spark-ignition engine vary with the fuel/air equiva­
lence ratio at wide-open throttle. lt also shows how the following efficiencies vary 
with equivalence ratio : 

The volumetric efficiency: 11., 
The mechanical efficiency: 1'/m [Eq. (2. t 7)] 
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The combustion efficiency: tic [Eq. (3.27)] 
The indicated fuel conversion efficiency: 'Ir. , [Eq. (2.23)] 
The indicated thermal conversion efficiency: ri,. 1 [Eq. (3.31)] 

(a) Derive a relation between the variables 'Ir, 1, 11,, and ,,,. 1. 

(b) Derive an equation which relates the brake power Ph to 1711 , 'Im, 'le, 'I,, ;, and any 
other engine and fuel parameters required. 

(c) Explain briefly why the variations of 'I~, 'In, , '1,, 'Ir. 1, 11,, 1 with equivalence ratio 
in the figure have the form shown (e.g., why the parameter is approximately 
constant, or has a maximum/minimum, or decreases/increases with increasing 
richness or leanness, etc.). 

15.5. The diagram shows the layout of & low heat loss turbocharged turbocompounded 
diesel engine. The engine and exhaust system is insulated with ceramics to reduce 
heat losses to a minimum. Air flows steadily at 0.4 kg/s and atmospheric conditions 
into the compressor C, and exits at 445 K and 3 atm. The air is cooled to 350 K in 
the intercooler I. The specific heat of air, cp , is 1 kJ/kg • K. (n the reciprocating 
diesel engine, the fuel flow rate is 0.016 kg/s, the fuel heating value is 42.5 MJ/kg, 
and the heat lost through the ceramic walls is 60 kW. 

The exhaust gases leave the reciprocating engine at 1000 K and 3 atm, and 
enter the first turbine T,., which is mechanically linked to the compressor. The 
pressure between the two turbines is 1.5 atm. The second turbine T8 is mechani­
cally coupled to the engine drive shaft and exhausts to the atmosphere at 800 K. 
The specific heat of exhaust gases, cP, is 1.1 kJ /kg · K. 
(a) Analyze the reciprocating diesel engine E and determine the indicated power 

obtained from this component of the total system. If the engine mechanical 
efficiency is 0.9 what is the brake power obtained from component E? 

{b) Determine the power obtained from the power turbine T 8. 
(c) Determine the total brake power obtained from the complete engine system 

and the fuel conversion efficiency of the system. You can neglect mechanical 
losses in the coupling between the power turbine and the engine drive shaft. 

Ai( 
0.4 kg/s 

1 olm 
300 K 

3 atm 
445 K 

1000 K 
3 atm 3 atm 
350 K 3 

Reciprocating 
engine 

E 

Fuel, 0.016 kg/s 

1,5 l.llm 

5 

FIGURE PlS-S 
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15.6. New automobile spark-ignition engines employ "fast-burn technology" to achieve 
an improvement in fuel consumption and reductions in hydrocarbon (Hq and 
oxides of nitrogen (NOx) emissions. This question asks you to, explain the experi­
mental data which shows that faster-burning combustion chambers do provide 
these benefits relative to more moderate burn-rate chambers. 
(a) Figure 9-36b shows the effect of increasing the percent of tbe exhaust gas recy­

cled to the intake (for NOx control) in a moderate burn-rate engine at constant 
speed and load, stoichiometric air/fuel ratio, with timing adjusted for maximum 
brake torque at each condition. COV lmep is the standard! deviation ID; imep 
divided by the average imep, in percent. The different types: of combustion are: 
misfire, partial burn, slow burn, normal. burn, defined in Sec .. 9.4.3. Frequency js 
percent of cycles in each of these categories. Use your knowledge of the spark­
ignition engine flame-propagation process and HC emission mechanism to 
explain these trends in COVimep• HC, and frequency as EGR is increased. 

(b) The fast-burn combustion chamber uses two spark plugs and generates swirl 
inside the chamber by placing a vane in the inlet port to dirrect the air to enter 
the chamber tangentially. The swirl angular velocity in the cylinder at the end 
of intake is six times the crankshaft angular velocity. There is no swirl in the 
moderate burn-rate chamber which bas a single spark plug and a relatively 
quiescent in-cylinder flow. The table shows spark timing, average time of peak 
pressure, average flame-development angle (0 to 10 percent mass burned) and 
rapid burning period (10 to 90 percent mass burned) for these two engines. 
Figures 11-29 and 15-9 show how the operating and emissi1on characteristics of 
the fast burn and moderate burn-rate engines change as percent EGR is 
increased. Explain the reasons for the differences in these trends in COV;m•P, 
bsfc (brake specific fuel consumption), and HC, and similarity in NO,.. . The 
operating conditions are held constant at the same values as before. 

Fast Moderate 
burn burn 

Spark timing 18° 400 BTC 
Crank angle for 15° 16° ATC 
average Pn1ox 

0-10% burned 24° 35° 
10-90% burned 20° 50° 

15.7. Two alternative fuels, methanol and hydrogen, are being studied as potential future 
spark-ignition engine fuels which might replace gasoline (modeled by isooctane 
C8 H 18), The table gives some of the relevant properties of these fuels. 
(a) For each fuel calculate the energy content per unit volume (in joules per cubic 

meter) of a stoichiometric mixture of fuel vapor and air a.t 1 atm and 350 K. 
The universal gas constant is 8314 Jfkmol • K. What implications can you draw 
from these numbers regarding the maximum power output ,of an engine of fixed 
geometry operating with these fuels with stoichiometric mix1tures? 

(b) The octane rating of each fuel, and hence the knock-limited compression ratio 
of an engine optimized for each fuel, is different. Estimate the ratio of the 
maximum indicated mean effective pressure for methanol- and hydrogen-fueled 
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engines to that of the gasoline-fueled engine, allowing for energy density effects 
at intake (at 1 atm and 350 K), at th,: knock-limited compression ratio for each 
fuel, for stoichiometric mixtures. Y O\lL can assume that the fuel-air cycle results 
for isooctane apply also for methanc,l and hydrogen cycles to a good approx­
imation, when the energy density is thie same. 

(c) The lean operating limit for the three fuels is different as indicated. Estimate the 
ratio of indicated fuel conversion effiiciency for methanol and hydrogen at their 
lean limit and knock-limited compression ratio, relative to gasoline at its lean 
limit and knock-limited compression ratio, at the same inlet pressure (0.5 atm). 
Under these conditions, rank the fuell-engine combinations in order of decreas­
ing power output. 

Gasoline 
(isooctane) Methanol Hydroaen 
c,u .. !CH30H Hi 

Stoichiometric F / A 0.066 0.155 0.0292 
Lower heating 44.4 20.0 120.1 
value, MJfkg 
Molecu]ar weight of fuel 114 32 2 
Molecular weight of 30.3 29.4 21 
stoichiometric mixture 
Research octane number 95 :106 ~90 
Knock-limited 9 12 8 
compression ratio 
Equivalence ratio 0.9 0.8 0.6 
at lean misfire limit 

15.8. Small-size direct-injection (DI) diesel engines are being developed as potential 
replacements for indirect-injection (IDl) or precbamber engines in automobile 
applications. Figures 10-lb and 10-2 show the essential features of these two types 
of diesel. The DI engine employs high air swirl, which is set up with a helical 
swirl-generating inlet port (Fig. 8-13). The injector is centrally located over the 
bowl-in-piston combustion chamber and the injector nozzle has four holes, one in 
each quadrant. The IDl engine (a Ricardo Comet swirl chamber), in contrast, has 
no swid in the main chamber, but genet'ates high velocities and a rotating flow in 
the prechamber during compression. 

Figures 15-21 and 15-23 show performance maps for typical versions of 
these two types of engines. Bmep, brake mean effective pressure, is plotted against 
engine speed. Brake specific fuel corn1umption contours are shown with the 
numbers in grams per kilowatt-hour. 

The heat-release-rate profiles for 1these two types of engine at a typical mid­
load mid-speed point are shown versus crank angle in the sketch. Q has units of 
joules per second. 
(a) Explain the reasons for the differencus in shape and relative timing in the cycle 

of the heat-release-rate profiles. 
(b) Suggest reasons for the differences (magnitude and shape) in the maximum 

bmep versus mean-piston-speed line tor the DI and IOI engines. 
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(c) Evaluate the brake fuel conversion efficiency of each engine at its maximum 
efficiency point, and at 2000 rev/min and road load (road load is the power 
requirement to maintain a vehicle at constant speed; it is 2 bar bmep at 2000 
rev/m:in). Explain the origin of the observed differences in efficiency at these two 
operating conditions. 

1rC Crank angle FIGURE P15-8 

1S.9. A four-stroke cycle naturally aspirated direct-injection diesel is being developed to 
provide 200 kW of power at the engine's maximum rated speed. Using information 
available in Chaps. 2, 5, and 15, on typical values of critical engine operating 
parameters at maximum power and speed for good engine designs, estimate the 
following: 
(a) The c:ompression ratio, the number of cylinders, the cylinder bore and stroke, 

and the maximum rated speed of an appropriate engine design that would 
provide this maximum power. 

(b) The brake specific fuel consumption of this engine design at the maximum 
power operating point. 

(c) The approximate increase in brake power that would result if the engine was 
turbo1charged. 

15.10. Natural gas (which is close to 100 percent methane, CH4) is being considered as a 
spark-ignition engine fuel. The properties of methane and gasoline (assume the 
same properties as isooctane) and the engine detaHs for each fuel are summai:ized 
below (cp is the fuel/air equivalence ratio). 

Composition 
Heating value, MJfkg 
Research octane number 
CompresHion ratio 
Displaced! volume, dm 3 

Lean mis1fire limit 
Part-load equivalence ratio 
Full-load equivalence ratio 

Natural gas 

CH4 

50.0 
120 
14 
2 
rt, = 0.5 
t/J = 0.6 
cl>= 1.1 

Gasoline 

CsH1s 
44.3 
94 
8 
2 
rt, = 0.8 
¢=0.9 
cl> = 1.2 

As indic:ated in the table, the displaced volume of the engine is unchanged when 
the conve:rsion for natural gas is made; however, the clearance height is reduced to 
increase the compression ratio. 
(a) Estimate the ratio of the volumetric efficiency of the engine operating on 

naturn.l gas to the volumetric efficiency with gasoline, at wide-open throttle and 
2000 1rev/min. Both fuels are in the gaseous state in the intake manifold. 
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(b) Estimate the ratio of the maximum indicated power of the engine operating 
with naturnl gas to the maximum power of the gasoline engine. 

(c) Estimate tlne ratio of the gross indicated fuel conversion efficiency of the natural 
gas engine to that of the gasoline engine, at the part-load conditions given. 

(d) Explain whether the NO, CO, and hydrocarbon specific emissions (grams of 
pollutant per hour, per unit indicated power) at part-load conditions of the 
natural gas engine will be higher, about the same, or lower than the NO, CO, 
and HC emissions from the gasoline engine. Explain briefly why. 

You can assume that the fuel-air cycle results derived for isooctane-air mix­
tures are also a.ppropriate for methane-air mixtures. 

lS.11. Spark-ignition and -precharnber diesel engines are both used as engines for pas­
senger cars. They must meet the same exhaust emission requirements. Of great 
importance am their emission characteristics when optimized for maximum power 
at wide-open throttle (WOT) and when optimized at cruise conditions for 
maximum effic:iency. 
(a) Give typicau values for the equivalence ratio for a passenger car spark-ignition 

engine and a prechamber diesel optimized for maximum power at WOT and 
2000 rev/min, and optimized for maximum efficiency at part load 
(bmep = 300 kPa) and 1500 rev/min. Briefly explain the values you have 
chosen. 

(b) Construct a table indicating whether at these two operating conditions the spe­
cific emissions of CO, HC, NOx, and particulates are low (L), medium (M), or 
high (H) re:lative to the other load point and to the other engine. Explain your 
reasoning for each table entry. 

15.12. For a naturally aspirated four-stroke cycle diesel engine: 
(a) Show from the definition of mean effective pressure that 

bmep oc: t7"' ,,,. 117u( F / A) 

where bmep = brake mean effective pressure 
rt111 = mechanical efficiency 

1111, 1 = indicated fuel conversion efficiency 
170 = volumetric efficiency 

F / A = fuel/air ratio 
(b) Sketch ca,refully proportioned qualitative graphs of 'lm, 111. i, 'lu, and 

(F/A)/(F/A)1,10ich versus speed N at full load, and explain the reasons for the 
shapes of tlhe curves. Then explain why the maximum bmep versus speed curve 
has the shape shown in Fig. PlS-12. 

j 

Speed- FIGURE P15-l2 

, 
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(c) The minimum brake specific fuel consumption point is indicated by the asterisk 
(*) in Fig. PlS-12 (see Figs. 15-21 and 15-22). Explain why brake specific fuel 
consumption increases with (1) increasing speed, (2) increasing bmep, (3) 
decreasing bmep. 
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APPENDIX 

A 
UNIT 

CONVERSION 
FACTORS 

This table provides conversion factors for common units of measure for physical 
quantities to the International System (SI) units. The conversion factors are pre­
sented in two ways: columns 2 and 3 give the conversion to the base or derived 
SI unit with the conversion factor as a number between one and ten with six or 
fewer decimal places, followed by the po,wer of ten that the number must be 
multiplied by to obtain the correct value; columns 4 and 5 provide conversion to 
a recommended multiple or submultiple of the SI unit with the conversion factor 
given as a four-digit number between 0.1 al!ld 1000. 

1 2 3 4 5 
To convert from To Mu~tiply by To Multiply by 

Area 
foot2 ml 9,290304 X 10-2 cm2 929.0 
inch1 ml 6.4:51600 X t0· 4 cm2 6.452 

Energy, heat, arid work 
Btu (International Table) } J.0:55056 X 103 kJ 1.055 
caJorie (thermochemical) J 4.1184000 X 10Q J 4.184 
erg J l.000()()() X 10- 7 µJ 0.1000 
foot pound-force (ft • lbf) J 1.3:55 818 X 10° J 1.356 
horsepower-hour (hp· h) J 2.61~4 520 X 106 MJ 2.685 
kilowatt-hour (kW· h} J 3. 6()0 000 X 106 MJ 3.600 
metre kilogram-force (m • kgl) J 9.806650 x 10° 1 9.807 

899 
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900 INTERNAL COMBUSTION ENGINE FUNDAMl!NTALS 

1 2 3 4 s 
To convert from To Multiply by To Multiply by 

Energy (specific, specific heat) 
Btu (IT)flb JJkg 2.326000 X 103 kJ/kg 2.326 
Btu (IT)/Jb • °F J/kg • K 4.186 800 X 103 kJ/kg·K 4.187 
calorie (thermo.)/g J/)cg 4.184000 X 103 kJ/kg 4.184 
calbrie (thenno.)/g • °C Jfkg· K 4.184000 x 103 kJfkg ·K 4.184 

Force 
dyne N l.000~ X 10-5 µN 10.00 
kilogram-roroe N 9.806650 X 10° N 9.807 
pound-force N 4.448 222 X 10° N 4.448 

Force per unit length (includes surface tension) 
dyne/centimeter N/m 1.000000 X 10- 3 mN/n1 1.000 
pound-force/inch N/m 1.751268 X 102 N/m 175.1 
pound-force/root N/m 1.459 390 X 101 N/m 14.59 

Fuel consumption (economy) 
pound/horsepower-hour kg/J 1.689660 X 10- 7 g/kW ·h 608,3 
gram/kilowatt-hour kg/J 2.777 778 X 10-lO µg/J 0.2778 
mile/gallon (U.S.) m/m3 4.251437 X 10s 1cm/dun3 0.4251 
mile/gallon (Imp.) m/ rn 3 3.540060 X 10$ km/d11113 0.3540 

Heat flux (includes thermal conductivity) 
Btu (IT) • in/h • ft 2 

• °F W/m·K 1.442279 X 10- I W/m "K 0.1442 
Btu (IT)/ft1 J/ml 1.135 653 X 104 kJ/m;1 11.36 
Btu (JT)/h • ft1 

• °F W/m2 •K 5.678 263 X lQO W/ml1·K 5.678 
calorie (thermo.)/cm2 J/m2 4.184000 X 104 kJ/m'1 41.84 

Length 
foot Ill 3.048000 X 10-1 an 0.3048 
inch m 2.540000 X 10-l mm 25.40 
micron m 1.000000 X 10- 6 µm 1.000 
mile m 1.609344 X 103 km 1.609 

Mass 
ounce kg 2.834952 X 10-2 g 28.35 
pound kg 4.535924 X 10-! kg 0.4536 
ton (long or Imp., 2240 lb) kg 1.016047 X 103 Mg 1.016 
ton (short, 2000 lb) kg 9.071847 X 102 Mg 0.9072 
tonne (metric) kg 1.000000 X 103 Mg 1.000 

Mass per unit time (flow) 
pound/second kg/s 4.535924 X 10- t kg/s 0.4536 
pound/minute kg/s 7.559 873 X 10- l g/s 7.560 
pound/hour kg/s 1.259979 X 10- 4 g/s 0.1260 

Mass per unit volume 
gram/gallon (U.S.) kg/nP 2.641724 X 10- I g/dm"1 0.2642 
pound/foot 3 )cg.Im' 1.601846 X 101 kg/m:1 16.02 
pound/inch 3 kg/m3 2.767 990 X 104 kg/dIJol 27.68 
pound/gallon (Imp.) kg/rri3 9.977 644 X 10 I kg/dn113 0.0998 
pound/gallon (U.S.) kg/m3 1.198 264 X 102 kg/dm13 0.1198 

Power, heat flow 
Btu (IT)fhour w 2.930711 x 10- 1 w 0.2931 
horsepower (550 ft· lbf/s) w 7,456999 X 102 kW 0.7457 
horsepower (metric, CV, PS) w 7.35499 X 102 kW 0.7355 
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J 2 3 4 5 
To convert from To Multiply by To Multiply by 

Pressure, stress (force per unit area) 
atmosphere (normal, 760 torr) Pa l.013250 X 10' kPa 101.3 
inch of mercury (60°F) Pa 3.37685 >( 103 kPa 3.377 
kilogram-force/centimeter2 Pa 9.806650 X 104 kPa 98,07 
mm of mercury, 0°C (torr) Pa 1.333 224 X 102 Pa 133.3 
pound-force/foot 2 Pa 4,788026 X 101 Pa 47.88 
pound-foroc/inch2 (psi) Pa 6.894 757 X 103 Jr.:Pa 6.895 

Temperature intertJal 
degree Celsius K 1.000000 X 10° 
degree Fahrenheit K 5,555556 X 10- 1 K 0.5556 

Temperature 
temperature (0 C) K °C + 273.15 
temperature (°F) K (°F + 459.67)/1.80 oc (°F - 32)/1.80 

Torque 
kilogram-force meter N·m 9,806 650 X lOO N·m 9.807 
pound-force foot N·m 1.355818 X 10° N·m 1.356 

Velocity 
foot/second m/s 3.048000 X 10- 1 m/s 0.3048 
kilometer/hour m/s 2. 777 778 X 10- 1 m/s 0.2778 
mile/hour m/s 4.4704()() X lQ-l km/h 1.609 

Viscosity 
centipoise Pa ·s 1.000000 X 1Q - 3 mPa·s 1.000 
centistoke m''/s 1.000000 X 10- ~ mmi/s 1.000 
poise Pa·s 1.000000 X 10-I Pa ·s 0.1000 
stoke m2/s 1.000000 X 10-• mm2/s 100.0 

Volume 
barrel (42 U.S. gallon) ml 1.589873 X 10- l m3 0.1590 
foot3 m3 2,831685 X 10- l dm3 28.32 
gallon (Imp.) m3 4.546 092 X 10 - 3 dm3 4.546 
gallon (U.S.) m3 3.785 412 X 10-3 dm3 3.785 
inch3 ml 1.638 706 X 10- 5 cm3 16.39 
liter ml l .000000 X 10-3 dm3 1.000 

Volume per unit time 
foot3 /minute (cfm) m3/s 4.719474 X 10- • dm3/s 0.4719 
foot3 /second m 3/s 2831685 X 10-i dm3/s 28.32 
gallon (U.S.)/minute (gpm) m3/s 6.309020 X 10-5 cm3/s 63.09 

Notes: 
1. Derived units such as that for torque (newton-metre, N • m) are written with a period between each component 
unit for clarity. In practice, the period is often omitted. 
2. Derived from Mobil Technical Bulletin SI Untu, Tht Modern Metric S)'Jtlffl. Copyright Mobil Oil Corporation, 
1974. Sections reproduced courtesy Mobil Oil Corporation, 
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B.I IDEAL GAS LAW 

APPENDIX 

B 
IDEAL 

GAS 
RELATIONSHIPS 

The gas species which make up the working fluids in internal combustion engines 
(e.g., oxygen, nitrogen, carbon dioxide, etc.) can usually be treated as ideal gases. 
This Appendix reviews the relationships between the thermodynamic properties 
of ideal gases. 

The pressure p, specific volume v, and absolute temperature T of an ideal 
gas are related by the ideal gas law 

pv=RT (B.1) 

For each gas speciesi R is a constant (the gas constant). It is different for each gas 
and is given by 

Ji. 
R=­

M 
(B.2) 

where Ii. is the universal gas constant (for all ideal gases) and M is the molecular 
weight of the gas. Since v is given by V /m, where V is the volume of a mass of gas 
m, Eq. (B.1) can be rewritten as 

mRT 
pV = mRT =- (B.3) 

M 

902 
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B.2 THE l\1[OLE 

It is convenien1t to introduce a mass unit based on the molecular structure of 
matter, the mole : 

The mole is the amount of substance which contains as many molecules as there are 
carbon ato,ms in 12 grams of carbon-12.t 

Thus, the number of moles n of gas is given by 

and Eq. {B.3) becomes 

m 
n=-

M 

pV = nR.T 

{B.4) 

(B.S) 

Values for the 1universal gas constant in different units are given in Table B. l. In 
the SI system, the value is 8314.3 J/kmol • K. 

TABLE 8.1 
Values of uniiversal 
gas constant 1l 

8314.3 J/kmol • K 
8.3143 J/mol • K 
1.9859 Btu/lb-molie • 0 R 
1543.3 ft• lbf/lb-m,ole • 0 R 

B.3 THERI\IIODYNAMIC PROPERTIES 

It follows from Eq. (B.l) that the internal energy ut of an ideal gas is a function 
of temperature only: 

u = u(T) 

Since the enthalpy h is given by u + pv, it follows also that 

h = h(T) 

(B.6) 

(B.7) 

t This is the SI sy11tem definition of the mole; it was formerly called the gram-mole. The kilogram­
inole (kmol) is also used; it is 1000 times as large as the mole. 

t The symbol u wiU be used for internal energy per unit mass, ii for internal energy per mole, and U 
for internal energy of a previously defined system of mass m. Similar notation will be used for en­
thalpy, entropy, an,d specific heats, per unit mass and per mole. 
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The specific heats at constant volume and constant pressure of an ideal gas, 
c" and c,, res1pectively, are defined by 

From Eq. (B.l) it follows that 

Cu = ( :; ) " - :; 

cP = (:;)P -:; 

C -c =R 
p " 

The ratio of specific heats, y, is a useful quantity: 

(B.8) 

(B.9) 

(B.10) 

(B.11) 

An additional restrictive assumption is often made that the specific heats are con­
stants. This is, not a necessary part of the ideal gas relationships. 

In general, the internal energy and enthalpy of an ideal gas at a temperature 
T relative to its internal energy and enthalpy at some reference temperature T 0 

are given by 

and 

" = Uo + rr cu(T) dT 
JTo 

h = ho + rT cp(T) dT 
Jro 

(B.12) 

(B.13) 

The entropy at T, v, and p, relative to the entropy at some reference state T0 , v0 , 

Po, can be obtained from the relationships 

Cu dv C dp 
ds = - dT + R - = =i!. dT - R -

T V T p 
(B.14) 

which integrate to give 

s = So + rT CT" dT + R In ..!:_ 
Jro Vo 

(B.15a) 

and f,T c p 
s = s0 + =i!. dT - R In -

To T Po 
(B.15b) 

The propertieis u, h, and s can be evaluated on a per unit mass or per mole basis. 
On a mass b21sis, c11 , cP, and R would have the units Jjkg • K (Btu/lbm • 0 R); on a 
mole basis "• h, and s are replaced by u, h, and s. R is then the universal gas 
constant Ii., c11 and c,, are replaced by c0 and cp, and c.,, c,,, and R would have the 
units Jjkmol • K (:Btu/lb-mol • 0 R). 
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B.4 MIXTURES OF IDEAL GASES 

The working fluids in engines are mixtures of gases. The composition of a 
mixture of ideal gases can be expressed in terms of the following properties of 
each component: 

Partial pressure p1 • The pressure each component would exert if it alone 
occupied the volume of the mixture at the temperature of the mixture. 

Pa.rts by volume VJV. The fraction of the total mixture volume each com­
ponent would occupy if separated from the mixture, at the mixture temperature 
and pressure. 

Mass fraction X; . The mass of each component m1, divided by the total 
mass of mixture m. 

Mole fraction x1. The number of moles of each component n1, divided by 
the total number of moles of mixture n. 

From Eq. (B.5) it follows that 

Pi ~ M N 

- =- = x1 - =x, 
p V M1 

(B.16) 

The thermodynamic properties of mixtures of ideal gases can be computed from 
the following relationships: 

Molecular weight 

M = .!. L n,M, = L x i MI 
n I I 

(B.17) 

Internal energy, enthalpy, and entropy 
On a mass basis : 

(B.18a, b, c) 

On a mole basis : 
"' ~ ...... u = LJ x,u, (B.19a, b, c) 

I 
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APPENDIX 

C 
EQUATIONS FOR 

FLUID FLOW 
THROUGH A 

RESTRICTION 

In many parts ,of the engine cycle, fluid flows through a restriction or reduction in 
flow area. Real flows of this nature are usually related to an equivalent ideal flow. 
The equivalent ideal flow is the steady adiabatic reversible (frictionless) flow of an 
ideal fluid thro,ugh a duct of identical geometry and dimensions. For a real fluid 
flow, the departures from the ideal assumptions listed above are taken into 
account by introducing a flow coefficient or discharge coefficient CD , where 

C = actual mass flow 
D ideal mass flow 

Alternati,vely, the flow or discharge coefficie,nt can be defined in terms of an 
effective cross-isectional area of the duct and a reference area. The reference area 
AR is usually tnken as the minimum cross-sectional area. The effective area of the 
flow restrictio11t AE is then the cross-sectional area of the throat of a frictionless 
nozzle which would pass the measured mass flow between a large upstream 
reservoir at the~ upstream stagnation pressure and a large downstream reservoir 
at the downstrnam measured static pressure. Thus 

906 

C 
_ AE 

D -
·AR 
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FIGUllE c .1 
Schematic of liquid flow through orifice. 

C.I LIQUID FLOW 

Consider the flow of a liquid through an orifice as show\l in Fig. C-1. For the 
ideal flow, Bernoulli's equation can be written \ 

Vi V~ 
Pi + P 2 = P2 + P 2 

For an incompressible flow, continuity gives V1A1 = V2 A2 and the ideal mass 
flow rate through an orifice is given by 

' [ 2p(pl - P2) ]l/l 
mldcal = A2 l _ (Ai/Al)2 (C.1) 

The real mass flow rate is obtained by introducing the discharge coefficient:. 

• [ 2p(p1 - P2) ]
1

'
2 

mreal = CoA2 1 -(A2/A1)2 (C.2) 

The discharge coefficient is a function of orifice dimensions, shape and surface 
roughness, mass flow rate, and fluid properties (density, surface tension, and 
viscosity). The use of the orifice Reynolds number 

pV2D2 ViD2 Re0 =---=--
µ \I 

as a correlating parameter for the discharge coefficient accounts for the effects of 
th, p, v, and D2 to a good approximation.1 

C.2 GAS FLOW 

Consider the flow of an ideal gas with constant specific heatH through the duct 
shown in Fig. C-2. For the ideal flow, the stagnation temperaLture and pressure, 
T0 and Po , are related to the conditions at other locations in the duct by the 
steady flow energy equation 

and the isentropic relation 
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Throat 

p-

I p 0 ideal 

L-------L-,-·-·- ·-·, 
I \ Po real 

p 

FIGURE C-2 
x Pressure distribution for gas Jlow through a nozzle. 

By introducing the Mach number M = V /a, where 
( = Jyiir}, the following equations are obtained: 

a 1s the sound speed 

To= 1 + 'Y -1 M2 
T 2 

(C.3) 

-= 1 +--M2 Po ( '}' - 1 ) y/(y- 11 

p 2 
(C.4) 

The mass flow rate m is 
m=pAV 

With the ideal gas law and the above relations for p and T:, this can be rear­
ranged as 

or 

,n. 5iif ( '\I - 1 )-(y+1)/2(y-1) 
,deal~ = yM 1 + _, _ M2 

Ap0 • 2 

midoal .JiiJ'o -= '}'(l...)t/y{-2 [i - (1...)(y- l)/f°]} 
1

/
2 

Apo Po 'Y - 1 Po _ 

(C.5) 

(C.6) 

For given values of Po and T0 , the maximum mass flow occurs when the 
velocity at the minimum area or throat equals the velocity of :sound. This condi­
tion is called choked or criti~al flow. When the flow is choked the pressure at the 
throat, Pr, is related to the stagnation pressure Po as follows : 

Pr= (-2-)Y/(y- l) 

Po 'Y + 1 
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This ratio is called the critical pressure ratio. For <Pr/Po) less than or equal to the 
critical pressure ratio, 

tn Jiii:ro ( 2 )(y+ l)/2(y-1) ideal 1 0 = "/ __ 
ArPo y+l 

(C.7) 

The critical pressure ratio is 0.528 for y = 1.4 and 0.546 for y = 1.3. 
For a real gas fl.ow, the discharge coefficient is introduced. Then, for sub­

critical flow, the real mass flow rate is given in terms of conditions at the 
minimum area or throat by 

m = CDArPo (Pr)l/y{-3L [1 -(Pr)(y-l)/y] }l/l 
real jiT;, Po Y - 1 Po (C.8) 

For a choked flow, 

,n _ D T O 1/l __ _ C A p ( 2 )(y+l)/2(y - l) 

real - jiT;, Y Y + l (C.9) 

Equation (C.8) can be rearranged in the form of Eq. (C.2) (with A 2 ~ A 1) as 

(C.10) 

where 41> is given by 

cJ) = {[y/(y - l)][(pr/Po)21
Y - <PrlPof1+ l)IYJ}

1
'
2 

1 - Prf Po 
(C.11) 

Figure C-3 shows the variation of 41> and (m/m*)1deal with <Po - Pr)!Po. m• is the 
mass flow rate through the restriction under choked flow c-onditions (when the 
Mach number at the throat is unity). For flow rates less than about 60 percent of 
the choked flow, the effects of compressibility on the mass flow rate are less than 
5 percent. 

1.00 

0.80 

0.60 

0.40 

0.20 'Y = 1.4 

00 0.10 

1.0 0.9 

0.20 0.30 
Po -pr 

Po 
0.8 0.7 

PT 
Po 

0.40 0.472 
I 

I 
0.6 0.528 

FIGURE C-3 
Relative mass flow rate Th/Th* and oompressible 
flow function It> [Eq. (C.11)] as functioll of nome 
or restriction pressure ratio for ideal gas with 
y = 1.4. (From Taylor.2) 
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Flow coefficients are determined eiperimentally and are a function of the 
shape of the passage, the Reynolds number and Mach number of the flow, and 
the gas propeirties. For a Mach number at the throat less than about 0.7 and for 
passages of similar shape, the flow coefficient is essentially a function of Reynolds 
number only. 

Orifice !Plates are frequently used to measure gas flow rates. Standard 
methods for d1etermining flows through orifice plates can be found in Ref. 3. 

REFERENCES 
1. Lichtarowicz, A., Duggins, R. K., and Markland, E.: ''Discharge Coefficients for Incompressible 

Non-Cavitatin1g Flow through Long Orifices,'.' J. Mech. Eng. Sci., vol. 7, no. 2, pp. 210-219, 1965. 
2. Taylor, C, F.: The Internal Combustion Engine in Theory and Practice. vol. L p, 506, MIT Press, 

1966. 
3. Marks' Standatd Handbook for Mechanical Engineers, 8th ed., McGraw-Hill, 1978. 
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TABLE D.l 
Thermodynamic properties of air at low densityt 

• • c, t:., 

T, ,,, 
"· K kJ/kg kJfkg kJ/(kg·K) Pr ,, kJ/(k1·K) ., 

250 409.9 338.1 4.4505 7.6603 38.81 1849.0 1.003 0.715 1.401 
275 435.0 356.0 4.5187 7.7559 54·14 1458.0 1.003 0.716 l.401 

300 460.1 374.0 4.581 I 7.8432 73.39 1173.0 1.004 0.717 l.400 
325 485.2 391.9 4.6385 7.9236 97.13 960.6 1.006 0.718 1.400 
350 510.4 409,9 4.6919 7.9982 125.9 797.8 J .007 0.720 1.399 
375 535.6 427.9 4.7416 8.0678 160.5 670.8 1.0IO 0.723 1.397 

400 S60.8 446.0 4.7884 8.1330 201.4 570.0 1.013 0.72S 1.396 
425 586.2 464.2 4.8324 8.1945 249.6 488.9 1.016 0.729 1.394 
450 611.6 482.S 4.8742 8.2527 305.6 422.7 1.020 0.733 1.392 
475 637.2 500.8 4.9139 8.3079 370.4 368.1 1.024 0.737 1.390 

soo 662.8 519.3 4.9518 8.3606 445.0 322.6 J.028 0.741 1.387 
525 688.6 537.9 4.9881 8.4109 S30.2 284.3 1.033 0.746 1.385 
5S0 714.5 556.6 S.0229 8.4590 627.l 2S1.8 1.039 0.752 l.382 
515 740.S 575.S 5.0565 8.5053 736.8 224.0 1.044 0.757 1.379 

600 766.7 594.5 5.0888 8.5499 860.6 200.l 1.050 0.763 1.376 
625 793.0 613.6 S.1201 8.5929 999.5 179,.S 1.056 0.768 1.374 
650 819.5 632.9 5.1503 8.6344 1155.0 161.5 l.061 0.774 l.371 
675 846.1 652.3 5.1796 8.6745 1329.0 145.9 1.067 0.780 1.368 

100 872.9 671.9 5.2081 8.7135 I 521.0 132.1 1.073 0.786 1.365 
725 899.8 691.7 5.2358 8.7512 1735.0 119.9 1.079 0.792 l.362 
750 926.8 711.S 5.2628 8.7879 1972.0 109.2 1.085 0.798 1.360 
775 954.0 731.6 5.2891 8.8236 2233.0 99.63 1.091 0.804 1.357 

800 981.4 751.7 5.3147 8.8584 2520.0 91.12 1.097 0.810 1.354 
825 1008.9 772.1 5.3397 8.8922 2836.0 83.52 1.103 0.816 1.352 
850 1036.5 792.5 5.3641 8.9252 3181.0 76.71 1.108 0.821 1.350 
875 1064.3 813.] 5.3880 8.9S74 35S9.0 70.58 1.114 0.827 1.347 

900 1092.2 833.8 5.4114 8.9889 3971.0 65.07 1.119 0.832 1.345 
925 1120.2 854.7 5.4342 9.0196 4419.0 60.08 1.124 0.837 1.343 
950 1148.4 875.7 S.4566 9.0496 4907.0 55.58 1.129 0.842 I.341 
975 1176.7 896.8 5.4786 9.0790 5436.0 51.49 1.134 0.847 1.339 

1000 1205. l 918.l 5.5001 9.1078 6009.0 47.77 1.139 0.852 1.337 
1025 1233.7 939.4 S.5212 9.1360 6629.0 44.39 1.144 0.856 1.335 
1050 1262.3 960.9 5.5419 9.1636 7299.0 41.30 1.148 0.861 1.333 
1075 1291.1 982.5 5.5622 9.1907 8020.0 38.48 1.152 0.865 1.332 

llOO 1319.9 1004.1 5.5821 9.2172 8797.0 35.90 1.157 0.870 1.330 
1125 1348.9 1025.9 5.6017 9.2432 9632.0 33.53 1.161 0.874 1.329 
1150 1378.0 1047.8 5.6209 9.2688 10529.0 '.H.35 1.165 0.878 1.327 
1175 1407.1 1069.8 5.6399 9.2939 11490.0 29.36 l.168 0.881 1.326 

1200 1436.4 1091.9 5.6585 9.3185 12520.0 27.51 1.172 0.885 1.324 

t Abstracted with pennission from Thermodynamic Propmies in SI (Graphs, Tables, and Computational Equa-
lions for Forty Substances), by W. C. Reynolds. Published by the Departmcnl of Mechanical Engineering, Stanford 
University, Stanford, CA 94305, 1979. 
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APPENDIX D DATA ON WOJtKING PLUlPS 913 

TABLE D.2 
Standard enthalpy of formation and molecular weight of species 

Molecular t,So 
I 

w,tght 
Species Formula g/mole Statet MJ/kmol kcal/mol 

Oxygen 0 2 32.00 gas 0 0 
Nitrogen N 1 28.0l gas 0 0 
Carbon C 12.011 solid 0 0 
Carbon co 28.01 gas -110.S - 26.42 
monoxide 
Carbon co2 44.01 gas -393.5 -94.05 
dioxide 
Hydrogen H2 2.016 gas 0 0 
Water H1O 18.02 gas - 241.8 -57.80 
Water H 2O 18.02 liquid -285.8 -68.32 
Methane ca. 16.04 gas -74.9 -17.89 
Propane C3He 44.10 gas - 103.8 -24.82 
Isooctane CeHu 114.23 gas - 224.l - 53.57 
lsooctane CeH,e 114.23 liquid -259.28 - 61.97 
Cetane C16H3, 226.44 liquid -454.5 -108.6 
Methyl CH3OH 32.04 gas - 201.2 -48.08 
alcohol 
Methyl CH3OH 32.04 liquid - 238.6 - 57.02 
alcohol 
Ethyl C 2H5OH 46.07 gas - 234.6 - 56.08 
alcohol 
Ethyl C1H50H 46.07 liquid - 277.0 - 66.20 
alco~ol 

t At 298. IS K (25°C) and I atm. 
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914 INTERNAL COMBUSTION ENGINE FUNDAMBNTALS 

TABLE 0.3 
Enthalpy of C, CO, CO2 , H 2 , H20, N1 , 0 2 

{
0(1)-h0(29fl.15)1 kcal/mol 

T(K) C co co, H, H 20 N2 02 

298 0.000 0.000 0.000 0.000 0.000 0.000 0.000 

300 0.004 0.013 0.016 0.013 0.015 0.013 0.013 
400 0.250 0.711 0.958 0.707 0.825 0;710 0.724 
500 0.569 J.417 1.987 1.406 l.654 1.413 1.455 

600 0.947 2.137 3.087 2.106 2.509 2.125 2.210 
700 1.372 2.873 4.245 2.808 3.390 2.853 2.988 
800 1.831 3.627 5.453 3.514 4.300 3.596 3.786 
900 2.318 4.397 6.702 4.226 5.240 4.355 4.600 

1000 2.824 5.183 7.984 4.944 6.209 5.129 5.427 

1100 3.347 5.983 9.296 5.670 7.210 5.917 6.266 
1200 3.883 6.794 10.632 6.404 8.240 6.718 7.114 
1300 4.432 7,616 11.988 7.148 9.298 7.529 7.971 
1400 4.988 8.446 13.362 7.902 l0.384 8.350 8.835 
1500 5.552 9.285 14.750 8.668 11.495 9.179 9.706 

1600 6.122 10.130 16.152 9.446 12.630 10.015 ll0.583 
1700 6.696 10.980 17.565 10.233 13.787 10.858 111.465 
1800 7.275 11.836 18.987 I l.030 14.964 11.707 112.354 
1900 7.857 12.697 20.418 l l.836 16.160 12.560 il3.249 
2000 8.442 13.561 21.857 12.651 17.373 13.418 114.149 

2100 9.029 14.430 23.303 13.475 18.602 14.280 115.054 
2200 9.620 15.301 24.755 14.307 19.846 15.146 115.966 
2300 10.212 16.175 26.212 15.146 21.103 16.015 116.882 
2400 10.807 17.052 27.674 15.993 22.372 16.886 117.804 
2500 I 1.403 17.931 29.141 16.848 23.653 17.761 118,732 

2600 12.002 18.813 30.613 17.708 24.945 18.638 119.664 
2700 12.602 19.696 32.088 18.575 26.246 19517 :W.602 
2800 13.203 20.582 33.567 19.448 27.556 20.398 2 1.545 
2900 13.807 21.469 35.049 20.326 28.875 21.280 ;~2.493 
3000 14.412 22.357 36.535 21.210 30.201 22.165 23.446 

Source: JANAF Thermochemical Tables, National Bureau of Standards Publication NSRDS-
NBS37, 1971. 
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TABLE D.4 
Data on fuel properties 

Specific Specific beat Higher Lower LHVof 
graYity: Heat of beating beating stoicb. Fuel oc:taDe rating 

Formula Moltcular (ckusity,t vaporiz:ation, Liquid. Vapor c,, value, value, mixture, 
Fuel (pb-} weight kg/dm3) 11.J/kgt kJ/kg. K kJ/kg. K MJ/kg MJ/kg MJ{kg (A/F). (F/A). RON MON 

Practical fuels§ 
Gasoline c.H 1.81.<l) ~110 0.72-0.78 350 2.4 ~ 1.7 47.3 44.0 2.83 14,6 0.0685 91-99 82-89 
Ligh l diesel c.u ..•. c1) ~170 0.78-0,84 270 2.2 ~1.7 46.1 43.2 279 14.5 0.0690 
Heavy diesel C.,H._7.(1) ~200 0.82--0.88 230 1.9 ~ l.7 45.S 42.8 285 14.4 0.0697 
Natural gas c . H3.8.No.a.(g) ~18 ( ~0.79t) - - ~2 so 45 2.9 14.5 0.069 

Pure hydrocarbons 
Methane CHig) 16.04 (0.72t) 509 0.63 2.2 55.5 50.0 2.72 17.23 0.0580 120 120 
Propane C3Hs(g) 44.10 0.51 (2.0t) 426 2.5 1.6 50.4 46.4 2.75 15.67 0.0638 112 97 
Isooctane C8 H18(1) 114.23 0.692 308 2.1 J.63 47.8 44.3 2.75 15.13 0.0661 100 100 
Cetane C,6 H3 4 (1) 226.44 0.773 358 1.6 47.3 44.0 2.78 14.82 0.0675 
&nzene C6 H6(1) 78.11 0.879 433 1.72 1.1 41.9 40.2 2.82 13.27 0.0753 115 
Toluene C1R8(1) 92.14 0.867 412 1,68 1.l 42.5 40.6 2.79 13.50 0.0741 120 109 

A/coho/$ 
Methanol CH4O(1) 32.04 0.792 1103 2.6 1.72 22.7 20.0 2.68 6.47 0.155 106 92 
Ethanol ClH6O(1) 46.07 0.785 840 2.5 1.93 29.7 26.9 2.69 9.00 0.111 107 89 

Orher fuels 
Carbon C(s) 12.01 ~2§ - - - 33.8 33.8 2.70 11.51 0.0869 
Carbon monoxide CO(g) 28.01 (1.25t) - - l.05 10.1 10.1 2.91 2.467 0.405 
Hydrogen H1(g) 2.015 (0.090t) - - 1.44 142.0 120.0 3.40 34.3 0.0292 

(I) liquid phase; (g) gaseous phase; (s) solid phase. 
t Density in kg/m3 at 0°C and I atm. 
t At I atm and 25°C for liquid fuels: at 1 atm and boiling tempe01ture for gas;eous fuels. 
§ Typical values. 
RON, research octane number; MON, motor octane number. 

SourCl'.s: 
E. M. Goodger, Hydrocarbon Fu.els; Production, Properties and Performance of Liquids and Gases, Macmillan, London, 1975. 
E. F. Oben, internal Combustion Engines and Air Pollution, Tntext Educational Publishers, 1973 edition. 

l,Q C. F. Taylor, The Internal Combustion Engine in Theory and Practice, vol. 1, MIT Press, 1966. -<II J. W. Rose and J. R. Cooper (eds.), Technical Data on Fuel, 7th ed., British N:uional Committee, World Energy Conference, London, 19n. 
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Adiabatic flame temperature, 81 . 94 
Air: 

constituents of, 6S 
table of thermodynamic properties, 912 
viscosity, 143 

Air/fuel ratio: 
definition, S3 
feedback control, 301-304 
lambda sensor, 301- 303 
relative, 71 
stoichiometric, 69-70, 91S 

or gasoline, 280 
Air pollution, automotive: 

emissions mechanisms, summary, 568-S72 
nature or problem, 5-6 
sources or emissions, 567-568 
(see also Carbon monoxide; NO,; 

Particulates; Unburned HC emissions) 
Alcohols: 

antiknock rating, 476-477 
composition, 68 
methanol combustion, 382 
oxygenates: 

emissions or, 598 
as extenders, 476-477 

stoichiometric equation, 72 
Aldehyde emissions, 568, 598 
Alkyl compounds (acetylenes, napthenes, olefins, 

paraffins), 67-68 
Aromatics, 68 
Atkinson: 

INDEX 

cycle, 184-186 
James, 3 

Atomization of sprays: 
regimes of, 525-529, 532 
secondary, 532-533 

Autoignition, 462-470, 542-545 
chemistry of, 463-467 
cool flames, 46S 
ofhydrogen,463-464 
induction-time correlations, 468, 543--545 
Shell model, 469-470 
single-, two-stage, 465-466 

Availability: 
analysis, 186-193, 792-797 
balances, 191- 192, 196, 793, 795 
combustion Joss, 192-193, 196, 795 
conversion efficiency, 84-85 
definitions, 84, 186-188, 792-793 
distribution, by category, 796--797 
losses, actual cycle, 196, 794-797 
steady-flow function, 187, 793 

Balance, 20 
Bearings: 

journal, 716 
eccentricity, 735 
friction, 717, 736--737 
load diagram, 734-735 
schematic, 735 

slider, 716 
Beau de Rocbas, Alphonse, 2-3 

917 

Page 951 of 966
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Blowby, 361-2165 
unburned HIC emissions, 6n, 567, 606-607 

Brake parameters, definition, 46, 48-49 
Burn angles (S:1 engines): 

flame development, 389-390, 421-423, 777 
overall, 389--390 
rapid-burnimg, 389-390, 422-423, 777- 778 
variations in, 415, 422-423 

Burn rate (SI tmgines): 
and combus:tion chamber geometry, 847-848 
effect on cyde-by-cycle variations, 415-417, 

845-846,849----850 
effect on pe1rfom1anoe, 195 
EGR, effect of, 837- 839 
turbulence uffects, 846-848 
(see also Bum angles; Heat-release rate) 

Burned gas : 
composition: 

equilibrium, 93 
low temperature., 104 
fraction, ll02-103 

Burnirlg rate atnalysis, Krieger and Borman, 
511- 514 

(see also Heat-release analysis) 

Carbon monoxide: 
background!, 6, 567- 571 
diesels, 592 
oxidation kiinetics, 593-596 
SI engines, 592-596, 836 
(see also Catalytic conveners) 

Carburetors, 16-17, 282- 294 
accelerator :pump, 286, 291 
air-bleed compensation, 287-290 
altitude compensation, 286, 292- 293 
boost venturis, 16, 286-287 
choke,286, 291- 292 
elementary, 282- 285 
idle system, 286, 290--291 
main metering system, 286-290 
modern design, 16-17, 285-294 
mult{ple-ba1rrel, 287 
power enrichment, 286, 291 
transient effects, 293-294 

Catalytic converters: 
catalyst conversion efficiency, 651-652, 656 
catalytic m2,terials, 649, 651-652, 654, 655-657 
degradation!, poisoning, 651-653 
design of, 649-650 
light-off temperature, 651, 653 
NO reducti,on, 654-655 
oxidation, 649- 654 
three-way, 655-657 

Cetane: 
index, 542 
n-hexadecane, 541, 915 
number, 541, 550-552 

fuel structure dependence, 550--551 
Charts (see Thermodynamic charts) 
Chemical equilibrium: 

computer codes, 90-92 
constants, 87- 90 
general principles, 86-94 

Chemical reaction : 
rate constants, 96 
rates, 92- 96 
steady state assumption, 96 

Combustion: 
constant pressure, 74-75, l 26, 172 
constant volume, 73-74, 125, 169 
efficiency, 8I-83,S09,601 
inefficiency, 154,195,509 
products composition: 

equilibrium, 93 
low temperature, 104 

stoichiometry, 68-72 
(see also Flame development; Flame 

propagation; Flame structure; Flames) 
Combustion chambers: 

bowl-in-piston, 342, 35~357, 811, 866-869 
design of, SI engines: 

air breathing, 220--222, 846, 850--851 
burn rate, 844-846 
oommon types, 845 
knock:,854-857 
objectives, 844-846 
optimization strategy, 857- 858 
swirl, 846, 850--852 

surface area, 44 
Combustion (Cl engines): 

consequences, of 492-493 
fuel-air mixing and burning rates, 558- 562 
models for, 504-508, 779- 780, 782-784. 

786-788, 816-818 
phases of, 505-506 

mixing-controlled phase, 506, 5S8-562 
premixed, rapid buming phase, 505, 

558- 560 
(see also Ignition delay) 

photographs of, color plate (between 498 and 
499), 497-502 

role of, 493, S55-558 
summary of, 491-493 
(sec also Diesel combustion systems; Ignition 

delay; Fuel sprays) 
Combustion modeling, 766-778, 779-780, 

782- 784, 786-788,816-818 
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Combustion (SI engines): 
abnonnal phenomena, 451 
burned gas: 

mixed model, 378-381 
temperatures, 379-380, 383 
unmixed model, 378- 381 

composition effects, 395 
cycle-by-cycle variations, 413-424 

burn rate effects, 415-417, 845-846, 849-850 
causes of, 282, 419-422 
description of, 372-373, 413-415, 829, 832, 

849-850 
measures of, 415-418 

cylinder-to-cylinder variations, 282, 413, 420, 
829- 830,831 

description of, 371-373, 376 
factors that control, 846-850 
lean/dilute operating limits, 424-426 
misfire, 414-415, 424-427, 611 
motion produced by, 380, 411 
partial burning, 414-415, 424-427, 611 
speed, effects on, 394, 400-402. 411-412 
stages of, 372, 389-390, 397-402, 412 
thermodynamics of, 376-383 
turbulent flame regimes, 396-397 
(see also Flame propagation relations ; F lam.e 

structure; Flames; Heat release; Knock; 
Spark ignition) 

Compression, crankcase, 11, 238, 244 
Compression-ignition engines: 

operating cycle, 25-31 
(see also Diesel engines) 

Compression ratio : 
definition, 43 
effect on efficiency, 170,172, 175, 182,197, 

841- 844 
effect on mep, 176,183,842 
knock limited (critical), 470-472, 854-857 
typical values, 43, 58,492, 887 

Compressors : 
centrifugal, 238, 258-262, 877-878 
corrected mass flow, 255,262 
corrected speed, 255, 262 
jsentropic efficiency, 251 
performance maps, 255, 257-258, 261-262, 

270,273,878-879 
roots blower, 15, 256-258, 886 
screw, 256-258 
sliding vane, 255-257 
velocity diagrams, 260 

Comp.rex (see Supercharging) 
Conservation equations, open system: 

energy, 751-753 
mass, 750-751 

Coolant heat flow, 673-675 
Courant number, 760 
Crank angle, definition, 44 
Crevices: 

INDEX 919 

effect on performance, 195, 387-388 
Bows in/out, 360--365 
geometry, 36L-362 
model for, 387-388 
piston/ring assembly, 361-363 
unburned HC emissions, 604-{i08 

Critical pressure ratio, 909 
Cycles : 

Atkinson, 184-186 
constant-pressure, 163-164, 178 
constant-volume, 163- 164, 169-172, 178 

availability analysis, 189-195 
fuel conversion efficiency, 170, 197 

four-stroke, 10-11 
fuel-air. 162, 177- 183 

assumptions, 177 
CI engine, 181 
results, 181- 183, 197 
SI engine, 178- 180 

ideal gas standard, 162, 169-177 
availability analysis, 189-192 
comparison, 173- 177 
entropy changes, 188-189, 192 

limited-pressure, 163-164, 178 
Otto, 11 
overexpanded, 183-186 
two-stroke, 11- 12 

Cylinder pressure: 
analysis of: 

CI engines, 508-517 
Rasswciler and Withrow method, 385-386 
SI engines, 384-389 
(see also Heat release) 

cycle sample size, 418 
data (Cl engines), 504, 513, 885 
data (SI engines), 162, 372-374, 384,414 
with knock, 453-454, 459-462 
measurement of, 384 
Pmu,ep,...., 415--418, 829 

Cylinder volume: 
equation for, 43-44 

Damkohler number, 396, 399 
Delivery ratio, 237- 240, 244, 882-883 
Diesel combustion systems: 

direct-injection, 32- 37, 493-494, 496 
bowl-in-piston, swirl, multihole nozzle, 

493-494,496-501 
M.A.N. "M ", 494, 496-501 
quiescent, 493-494, 496-500 
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Diesel combustion 1systems (comtnued): 
indirect-injection,, 33-34, 494-496 

swirl prechamber, 49~502 
turbulent pcechamber, 494-497 

(see also Combus,tion (CI engines); Fuel 
sprays) 

Diesel emissions: 
NO.fparticutates trade off, 865-866 
(see also Carbon monoxide; NO,; 

Particulates;, Unburned HC emissions) 
Diesel engines: 

four-stroke cycle 
air-cooled, 35-36, 859 
examples (DI), 32- 36, 877- 881 
examples (IOI), 33- 34, 875-877 

large (marine), 36-37, 883-886 
two-stroke cycle, 14, 37, 883- 886 

Diesel, Rudolf, 4 
Droplets: 

equations for indiividuaJ, 81~81S 
Sauter mean diameter, 434-436 
size distribution, ,352-354 
vaporization, 536-539, 814-815 

Dynamometer, 45--46 

Efficiency, definitions of: 
availability convc:rsion, 84 
catalyst conversion, 651-652, 656 
charging, 239, 244 
combustion, 81- 8:3 
compressor isentropic, 251 
fuel conversion, S2, 85, 164, 169 
mechanical, 49, 723 
scavenging, 238, ,!44 
thermal conversicm, 85 
trapping, 238, 244 
turbine isentropic:, 253 
volumetric, 53-541 

Emissions (see Carbon monoxide; NO, ; 
Particulates; Unburned HC emissions) 

Emissions index, 56 
Energy, available (s•~ Availability) 
Energy balance, ens:ine, 673-676 
Engine processes : 

availability analy:sis of, 186-193 
thermodynamic r,etations for, 164-169 

Engines: 
classification, 7-9 
components, 12-115 
compression-ignition (diesel), 25-37 
energy balance, 6'73--<i76 
historical, 1- 7 
maximum work, B3-8S 
multifuel, 39 

precha.mber (see Prechamber engines) 
spark-ignition, 15-25 
stratified-charge (see Stratified-charge engines) 
Wankel (see Wankel engines) 

Enthalpy, 108- 111. 116, 123-127, 903-905 
sensible, 113-114, 122 
tables of, 9 I 4 
stagnation, 251 

Enthalpy of formation : 
datum reference state, 77 
definition, 76 
standard values, individual species, 77, 124, 

913 
of unburned mixture, 123-125 

Equilibrium {see Chemical equilibrium) 
Equivalence ratio (see Fuel/air equivalence ratio) 
Evaporative HC emissions, 6n, 567 
Exhaust : 

blowdown process, 166, 206, 231-233, 613 
displacement process, 167, 206, 231-233 
(see also Intake and exhaust flow models) 

Exhaust gas: 
composition 

data, diesels, 148-149 
data, SI engines, 146-148 
equivalence ratio determination, 148- 152 
F/A nonuniformities, 152- 154 
measurement, 145-146 

mass flow rate, 231-232 
recycle, recirculation (EGR), 103 
temperatures, 232-234, 648 

enthalpy-averaged, 234 
equivalence ratio effects, 834-835 
EGR, effects of. 837- 838 

thermodynamic state, 167 
EGR tolerance, SI engines, 837- 839 
Exhaust gas treatment, 64~60 

(see also Catalytic converters; Particulate 
traps; Tbennal reactors) 

Exhaust manifold pressures, 214 

Flame development process : 
effects of combustion chamber geometry, 

846-847 
effects of mixture composition and state, 846, 

848- 849 
effects of turbulence, 846-849 
factors that control, 846-850 

Flame ionization detector, 145-146, 597n, 620 
Flame photographs: 

Cl engines, color plate (betweeu 4gg and 4!}9) 
SI engine, 390--394, 397- 399, 401, 458-460, 

color plate (between 498 and 499) 
Flame propagation data. 409,412, 773-774 
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Flame propagatioQ relations, 406-412 
characteristic length, 410, 412 
"entr3inment '' burning laws, 771-778 
flame ~feas, 406-409, 766-767 
turbulent burning speed, 408-409, 411-412 
velocity parameters, 408-412 

Flame quenching, 59~1 
Flame structure (Cl engines): 

ignition, location of, 502, 556-551 
species concentration data, 557-559 
spray/flame photos, color plate (between 498 

and 499), 502, 523, 525, 527, 537 
(see also Combustion (Cl engines); Diesel 

combustion systems) 
Flame structure (SI engines}, 390--402 

flame area, 394, 406-410, 846--847 
flame thickness, 398--402, 410 
swirl, effect of, 393 

Flame volume (SI engines): 
data,372-373,409 
relationships, 406-410 

Flames: 
classification, 62-64, 395-397 
ditf usion, 63 
laminar, 63 
premixed, 63 
turbulence, effect on, 390-392, 398-402 
turbulent, 63, 395-397 

Flow modeling (see Models, fluid-dynamic 
based) 

Flows (in-cylinder): 
exhaust stroke vortex, 365-367 
laser doppler anemometry, 336, 808-809 
piston/cylind~r corner, 365-367, 613--614 
through intake valve, 224--225, 221, 229, 

326-330 
valve-jet driven, 327- 330, 807-809 
velocities at intake valve, 326--327, 808-810 
(see also Blowby; Crevices; Squish; Swirl; 

Turbulence) 
Flows through nozzles, orifices, restrictions, 

906-910 
Four-stroke cycle: 

definition, 10-11 
exhaust process, 206-208 
inlet process, 206-208 
p-V diagram, 47, 162, 284, 727 

Friction: 
accessory requirements (fan, generator, 

pumps), 739 .. 740 
background, 712- 713 
coefficient of, 7 L6 

boundai-y lubrication, 716-718 
hydrodynamic lubrication, 718 

mixed lubrication, 718 
Stribeck diagram, 716--717 

cran)cshaft, 734--737 

lNDEX 921 

difference, motoring/firing, 720-721 
losses, categories of, 713 
measurement methods, 719- 721 
piston assembly, 730, 132- 734 
pumping, 47, 168- 169, 713-715, 725, 726--728 

throttling work, 727- 728 
valve flow work, 727- 728 

turbulent dissipation, 719 
valve traiq, 737- 739 

Friction correlations: 
Bishop, 727, 733, 736, 738 
crankshaft, con rods, 736 
piston and rings, 73.3-734 
total friction mep, 719, 722 
valve train, 738 

Friction data : 
diesels, 722, 724 725 
eqgine breakdown tests, 722, 725-726 
SI engines, 721, 723 

Friction definitions: 
accessory mep, power, work, 714-715 
pumping mep, power, work, 47, 714-715 
rubbing friction mep, power, work, 714-715 
total friction mep, power, work, 714-715 

Friction/lubrication regimes: 
boundary, 716-718 
mixed, 716 
hydrodynamic, 716 

Fuel-air cycle (see Cycles) 
Fuel-air equivalence ratio, 71 

availability analysis. effect on, 192- 193 
from exhaust composition, 148-152 
for optimum SI engine efficiency. 831-835 

Fuel-air mixing, diesels, 493, 504-508, 555- 558 
and burning rates, 558-562 

Fuel/air ratio : 
definition, 53 
stoichiometric, 69 

Fuel co.nversion efficiency : 
constant-volume cycle, 170, 182 

compression ratio effects, 170, 175, 182, 197 
equivalence ratio effects, 182, 197 

constant-pressure cycle, 172, 175 
definition, 52, 85 
DI vs 1D1 diesel, 860-861 
limited-pressure cycle, 170, 175 
overexpanded cycle, 184-185 

Fuel conversion efficiency (SI engines): 
effect of: 

burn rate, 832- 833 
compression ratio, 841-844 
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Fuel conversion efficiency (SI engines) 
(continued') : 

equiv11lencc ratio, 830-834 
Fuel injection (diesels): 

djscributor pump, 30-32, 518 
in-line pump, 28, 30, 5 18 
nozzle flow tale, 521 
nozzle geometry, 526-529 
nozzles, 29, 31. 5\9-520 
objectives, 518 
single-barrel pump, 518-519 
systems, 27-31. 517- 522 
unit injectors, 520-521 

Fuel injection (SI engines): 
injection timing, 298-299 
injector design, 295- 296 
multipoint por t systems, 16-17, 294-299 

a ir-flow meter, 297-299 
fuel transport, 320-321 
mechanical, 298 
speed-density, 294-296, 299 

single-point systems, 299-301 
F uel sprays: 

adiabatic saturation, 538-539 
breakup,522-523,530-531,532 
evaporation, 535-539, 814-815 
and flame structure, 555-558 
ignition sites, 525, 556-557 
modeling, 538-539, 780-784, 813-816 

equations for droplets, 814-815 
1-D turbulent jet, 780-781 
multidimensional, 813-816 
multipackage, 782- 784 
multizone. 781-782 

penetration, 529- 532 
photographs of, color plate {between 498 and 

499). 523, 525, 527, 537 
spray angle, 526-528 
structure,522-527, 529, 535-537, 555-558 
swirl, effect of, 524-525, 531- 532, 558 
temperature distribution, 538-539 
wall interaction, 523-524 
(see a lso Atomization; D roplets) 

Fuels: 
additives: 

antiknock, 473, 475-476 
ignition-accelerating, 551-552 
octane improvers, 476-477 

API gravity, 542 
distillate: 

cetane rating, 541- 542 
diesel index, 542 
nitrogen content, 577 
sulfur content, 568 

enthalpy of formation. 913 
gasoline: 

composition, 280, 915 
equilibrium vaporization, 314-315 

heating values, 78-90, 915 
hydrocarbons: 

classes of, 66-68 
knocking tendency, 470-472 

hydrogen, 915 
autoignition of, 463-464 
combustion, 398, 773- 774 
stoichiometric equation. 72 

ignition quality of, 492, 541-542, 550-552 
isooctane, 67,915 

octane rating, 471 
stoichiometry, 69-71 

laminar flame speeds, 395, 402-406 
primary reference, 475 
properties: 

table of, 9 15 
thermodynamic, 77, 130--133 
stoichiometric A/F, 70, 915 

(see also Alcohols; Cetane; Octane) 

Gas constant, 903 
Gas properties: 

computer routines for, 130-140 
isentropic compression functions, 113- 115 
molar and mass basis, 107, 904-905 
molecular weight, 106,136,905,913 
polynomial functions 

fuels, 130-133 
gas species, 130-131 

ratio specific heats, 134. 137, 139, 904 
specific heats, 132, l 34, 136, 138, 904 
stagnation values, 251, 907 
tables, t 27- 129, 912, 9 l 4 
unburned mixture, J30-1J5 
(see also Ideal gas; Thermodynamic charts: 

Transport properties) 
Gasoline (see Fuels, gasoline) 

Heat-release analysis: 
gross, net, 387- 388, 510-511 
IDI diesel engines, 514-517 
one zone, 386-388, 508-511 
problems with (diesels), 508- 509 
two zone (SI engines), 376-382 

Heat-release rate: 
diesels: 

apparent, 509 
data, 504, 51 I. 516-517, 560-561 
definition of, 497 
mixing-controlled, 560-562 
variables, effects of, 560---562 

Page 956 of 966



Heat-release rate (co11titmed): 
SI engines: 

cycle-by-cycl,e variations, 414-415 
results, 390, 41.3-414 

Heat transfer: 
charncteristics 1Jf, in engines, 668- 670, 672-673 
coefficient, 671 
conduction, 670 
convective, 670-671 

dimensional :analysis, 676-677 
cycle-simulatio1:i predictions, 702- 704, 707, 

769-771 
effect of engine variables, 701- 707 

compression ratio, 703-704 
coolant temperature, 704-705 
equivalence ratio, 703 
load, 702, 796-797 
spark timing, 704 
speed,673,675,679, 702- 703, 797 
squish, swirl, 704 
wall material, 705- 707 

effect on perfonmance, efficiency, 194--195, 
770-77 1, 8:51-852 

exhaust system, 682-683 
intake system, 682 
(see also Intake manifold) 
prechamber diesels, 787 
radiation: 

apparent emissivity, 684-688 
apparent flame temperature, 685-686 
from gases, 683-684 
monochromatic absorption coefficient, 

687-688 
prediction formula, 688-689 
relative importance, 693- 694 
from soot, 683, 684-689 

Heat transfer corr~lations: 
evaluation of, 6'94-696 
exhaust port, 682-683 
instantaneous 11,cal, 681-682, 695-696 
instantaneous, spatial average, 678-680, 

694-695 
Annand, 678--679, 695 
Woschni, 6791- 680, 694-695 

time-average, 677-679 
zonal models, 682,696, 768-769 

Heat transfer measurements: 
methods, 689- 690 
results, diesels, 692-694 
results, SI engines, 690--692 

Heating values, 7a:-90, 915 
higher healing value, 78 
lower heating value, 78 

Humidity: 

effect on air properties, 67 
psychrometric chart, 66 
relative, 65 

INDEX 923 

Hydrocarbon emissions (see Unburned HC 
emissions) 

Hydrocarbons : 
burnup,600,614-618 
classes of, 66-68 
knockingtendency,470-474 
oxidation mechanism. 467 

Hydrogen: 
autoignition of, 463-464 
combustion, 773-774 
stoichiometric equation, 72 

Ideal gas: 
analytic model for, 109-112 
law, 64,902 
mixtures, 905 
relationships, 107- 109, 902- 905 
thennodynamic properties, 903- 905 
(see also Burned gas; Gas properties; 

Unburned mixture; Working fluids) 
Ignition delay: 

correlations for, 543- 545 
in engines, 553-554 

definition,505,539- 540 
factors affecting: 

air temperature, pressure, 547- 548 
chamber wall, 548- 549 
injection timing, 5"46 
load, 546-548 
oxygen concentration, 549-550 
speed, 548 
spray parameters, 546-547 
swirl, 549 

fuel property effects, 550-553 
processes occurring, 540-541 
(see also Autoignition; Cetane) 

Indicated parameters, definition: 
gross,47-49, 714-715 
net, 47-49, 714-715 

Intake and exhaust flow models : 
boundary conditions, 761 
example results, 3 I 1-312, 761-762 
finite-difference methods, 759-762 
gas dynamic models, 313, 756-762 
homentropie 6ow, 758 
l -D unsteady flow equations, 756-758 
manifold models: 
filling and emptying, 311- 312, 753-755 
Helmholtz resonator, 312- 313 

method of characteristics, 759 
quasi-steady models, 232, 753- 754 
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Intake manifold: 
air flow, 309-313 

description of, 309- 311 
transient behavior, 310-312 
($ee also Intake and exhaust flow models) 

design, 308-309 
fuel transport, 314-321 

droplet behavior, 316-317 
liquid films, 315--316, 318- 320 
transient behavior, 310--312, 318- 321 
vaporization, 314-321 

pressure variation, 212-214, 216, 310--311 
IC engines (see Engines) 
Internal energy, 108-111, 116-127, 903-905 

sensible, 113-114, 122 
Internal energy of formation : 

standard values, 124 
of unburned mixture, 123-125 

Knock: 
antiknock additives, 4, 473, 475-476 

lead aJkyls, 4,473, 475--476 
MMT, 475--476 

characterization of, 454-456 
combustion photographs, 458-461 
damage, 456-457 
deposit effects on, 477-478 
description of, 375, 450--457 
detection, 454 
effect on heat transfer, 707 
end gas, 457-462, 467-470 

temperature,468-469 
impact of, 456-457, 852-854 
intensity, 455-456 
pressure waves, 461-462 
sensors, 872 
theories: 

autoignition, 457-458, 462 
detonation, 457-458 

(see also Autoignition; Compression ratio: 
Fuels; Octane) 

Laminar flame: 
speed, 395,402-406 

correlations, 403--406 
data. 403-405 
and SI engine combustion, 771- 775, 

777- 778,848- 849 
straining effects, 406 

thickness, 395, 402 
Langen, Eugen, 2 
Lead alkyls, 4, 473, 475-476 
Lenoir, J. J. E., 2 
Lubricant: 

requirements, 741- 745 

SAE viscosity classification, 744-745 
Lubrication: 

of bearings, 715--718, 734-737 
of piston assembly. 729-7341 
regimes of, 716-718 
system layout, 740-741 
(see also Friction; Bearings)! 

Manifolds: 
tuning of, 215, 217-218 
(see also Exhaust manifold; Intake manifold) 

Mass fraction burned, SI engi:nes: 
data, 372-373, 382, 777-778 
equations for, 377- 378, 381-382, 390 

Wiebe function. 390, 768 
Maximum work, 83-85 

(see also Availability) 
Mean effective pressure: 

coefficient of variation (CO'V), 417, 424-425 
cycle-by.lcycle variations, 4 ll 7, 425 
definitions, 50, 714-715 
friction, :, 14--715. 825--827 
fuel-air cycle results, 183 
ideal cycles, 171, 173, 176 
importance of, 59, 823- 824 
overexpanded cycle, 185--186 
pumping, 169, 714-715 
relationships for, 50-51, 57, 823-824 

Mean effective pressure (DI diesels): 
effect of: 

injection parameters, 863- 864 
load and speed, 858-860, 877-878 

full load, 826-827 
Mean effective pressure (IDI diesels): 

effect of: 
injection parameters, 863- 864 
load and speed, 860, 87 5---876 

full load, 826-827 
Mean effective pressure (SI emgines): 

effect of: 
compression ratio, 842 
equivalence ratio, 830-8:112 
heat transfer, 851 

wide open throttle, 824-827, 839-840 
Mechanical efficiency: 

definition, 49 
values, SI engine, 722-723 

Methanol combustion (SI eni:ine), 382 
Mixture nonunifonnity, quality, 152- 1S4, 282, 

314, 829-832 
Mixture requirements (SI engines), 279-282, 

833-834 
steady, transient, 834 
typical schedules, 281-282 
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Models of engine processes, rationale, 748-750 
Models, ftuid-dy111amic based (multidimensional): 

for boundary layers, 803 
of combustion, 816-818 
fl.ow field predictions, 360, 807-813 

concentration distributions, 811- 813 
particle tracc:s, 810--812 
velocities, 807-811 

governing equations, 798- 799 
KJVA code, 803,804, 815-816 
numerical methodology, 798, 803-807 

computing mesh, 804-805, 810 
discretizatio1~ practices, 804-806 
solution algc,rithms, 80~807 

overview, 797- 798 
sprays, 813-SHi' 
turbulence models: 

rull-field modeling, 799-802 
k-s models, i'?S-777, 801- 802, 808,810 
large-eddy simulation, 799 
Reynolds stress, 802 
subgrid scale:, 802- 803 

Models, thennodynamic-based 
(phenomenological, zero-dimensional) : 

complex engine: systems, 789- 792 
transient behavior. 791- 792 
t urbocharged/turbocompounded, 789- 792 

DI diesels: 
model structure. 784-785 
simulation n,sults, 784-785 
single zone combustion models, 778-780 
spray modeh, 780-784 
(see also Fue:I sprays) 

emissions, 765, 787-788 
IDI diesels, 784- 788 

prcchamber phenomena, 784-787 
simulation msults, 787- 788 

open system oo,nservation equations, 763-765 
overall structure, 762-763 
Sl engines: 

combustion 1models, 76~ 778 
cycle simulation results, 76!)-771 
"entrainmen.t,. burning laws, 771-778 
flame geometry models, 766-768 

stochastic models, 787- 788 
turbulence intensity models, 775-777 
(see also Mass fraction burned) 

Mole, 903 
Molecular weights, values, 913 
Moment of irtertia of charge. 353 

NO concentratio:ns, in-cylinder: 
DI diesel, 587-589 
IDI diesel, 589--590 

INDEX 925 

$1 engines, 579-581 
NO formation; 

description of, er engines, 58~587 
equivalence ratio, effect of, 575-576 
kinetics of, 572-576 

rate constants, 573 
Zeldovich mechanism, 572 

model for, SI engines, 578-581 
rate equation for, 573-574 
temperature, effect of, 574-576 

NO from fuel N, 577 
Nitrogen, atmospheric, 65 
NO2 formation, 577-578 
NO., definition of, 567, 572 
NO. emissions (diesels): 

effect of: 
diluents, 590-591, 861-863 
equivalence ratio, 588- 589 
EGR, 590-591,861- 863 
injection parameters, 863-867 
load, 861-862 
swirl, 866-867 

flame temperature correlation, 591-592 
(see also NO fonnation) 

NO, emissions (SI engines): 
effect of: 

compression ratio, 844 
diluents, 582- 584 
equivalence ratio, S81-585, 835-836 
EGR,582-585,836-838 
load,speed,840-841 
spark timing, 585-586, 829 

(see also Catalytic converters; NO fonnation) 
Noise, 5, 571-572 

Octane: 
antiknock index, 474 
fuel sensitivity, 473-474 

and knock, 854-855 
number, 471-474 

motor method, 471--473 
requirement, 453, 474, 478, 852-857 
research method, 471-473 
road,474 

oxygenates as extenders, 476--477 
ratings offueJs, 915 

Odor, diesel, 568 
OiJ consumption rate, 610 
Organic compounds: 

classes of, 66-68 
(see also Fuels) 

Otto : 
cycle, 11 
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Otto (continued) : 
Nicolaus, A., 2- 3 

Oxygen (lambda) sensor, 301-303 
Oxygenate emissions, 568, 598 

Paraffins: 
ignition limits, 465--466 
knocking tendency, 470-472 
molecular structure, 67 

Part-throttle (SI engines): 
efficiency, 833-834, 843-844 
mixture requirements, 280-282, 834 
performance, 833 

Particulate emissions (diesels): 
effect of: 

injection parameters, 864-866 
load, 861-862 

Particulate traps, 659-<:i60 
Particulates, diesels ; 

Ames test, 631 
composition of, 627-630, 647-648 
distribution in cylinder, 631-635 
HC absorption, condensation, 646-648 
measurement techniques, 626-627 

dilution ratio effects, 646-647 
oil, contribution from, 629-630, 647-648 
size, 628-631 
soluble fraction, 629, 646-648 
soot formation fundamentals, 635-642 
soot oxidation, 642-646 
specific surface area, 631,646 
spherules, 627- 628 
structure, 627-631 
(sec also Particulate emissions; Soot 

formation; Soot oxidation) 
Particulates, SI engines, 626 
Peclet number, 599-600 
Performance of engines, summary, 58, 866-888 
Performance maps: 

description of, 839 
DI diesels, 858-860, 878- 879 
JOI diesels, 860, 875-876 
SJ engines, 839-840, 874 

Petformance parameters: 
importance of, 42--43, 59, 823-824 
relationships for, 56-57, 823- 824 
typical values, 58, 824-827, 887 

Piston: 
acceleration, 732 
heat outflow, 701 
temperature distribution, 698~99, 7()()....701, 

705 
velocity. 44--45 

Piston assembly: 

description of, 13-14, 729 
forces on, 731- 733 
friction, 729-734 

Piston rings; 
functions, 729-730 
lubrication, 730-732 

oil film thickness, 731--732 
Reynolds equation, 731 

nomenclature, 729 
sealed ring-orifice design 605-606, 610 

Piston speed: 
instantaneous, 45 
mean: 

definition, 44 
importance of, 59, g3g1 
maximum values of, 4S, 887 

Poliutant formation meclinnfsms: 
equivalence ratio, effect of, 570-571 
summary (CI engine), 57'1- 572 
summary (SI engine), 56:8-571 
(see also Carbon monoxide; NO formation; 

Particulates; Unburned HC emissions) 
Polytropic compression rellation, 385, 554 
Ports (four~stroke cycle): 

effect on ;· 
flow discharge coefficient, 229-230 
valve flow area, 222- 224 

geometry of, 22{}-224 
Ports (two-stroke cycle): 

discharge coefficients, 24,7- 248 
flow through, 246-248 
geometry of, 245-248 
timing, 237 

Power: 
brake, definition o~ 46 
correction factors for, 54 
friction, 48, 825-827 
full load: 

DI diesels, 826-827, 879-890, 885 
IOI diesels, 826-827 
SI engines, 824-827, 873, 883 

rated, definition of, 43 
relationships for, 45--46, -49, 823 
road-load, 49 
specific, definition of, 57 

Prandtl number, expressions for, 142, 144 
Prechamber engines: 

designs, 33-34 
flows, 357-360 

gas displacement, 359--360 
nozzle throat, 358- 3591 
swirl velocities, 360 

Pressure: 
mean effective (see Mean1 effective pressure) 
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Pressure (continued): 
stagnation, 251, 907-908 
(see also Cylinder pressure) 

Pressure-volume diagram: 
four-stroke cycle, 47, 162, 384 
ideal cycles, 163, 176, 194 
log p vs log V, 384-385 
polytropio relation, 385, 554 
pumping loop, 727 
two-stroke cycle, 47 

Pumping mean effective pressure, 169 
Pumping work: 

definition, 47, 714 
diesel engines, 492 
ideal cycle, 168 
Sl engines, 827 
(see also Friction, pumping) 

Rapid compression machines: 
results from, 466, 502, S23-524, 556, 560-561 

Residual gas flow, 206,224,327 
Residual gas fraction : 

data, 230-231 
definition, 102 

Residual gas mixing, 420, 811- 813 
Roots blowers, 15, 256-258, 886 

Scavenging, 235-245 
charge short-circuiting, 240, 242 
crankcase, 11-12, 881 
cross-scavenged, 235-236 
data, 244-245 
flow visualization of, 240-242 
loop,-scavenging, 235-236, 242- 243 
models for, 239- 240, 811 
uniflow, 235-237, 243, 245, 884-886 

Second Law analysis (see Availability) 
Smoke, effect of: • 

EGR 863 
injection parameters, 864-866, 867 
load, 861- 862 
swirl, 867 
(see also Particulate emissions) 

Soot formation: 
particle formation, 636, 638-639 
particle growth, 636, 639--042 
polycyclic aromatic HC, 636, 639 
pyrolysis, 633, 635, 638 
regions of, diesel, 498-502, 536-537 

Soot limit on diesel performance, 492 
Soot oxidation, 642-646 
Soot, radiation from, 684-689 
Spark discharge: 

chemistry, 431-433 

energy, by phase, 429-431 
expansion velocities, 430-431 

TNDEX 927 

phases (arc, breakdown, glow), 427-429 
plasma volumes, 430, 434 
temperature distributions, 431-434 

Spark ignition : 
current and duration effects, 445--446 
description of, 17, 397,427 
flow effects, 435-436 
fundamentals. 427-437 
models of, 433--435 
requirements for, 437--438 
(see also Spark ignition systems, Spark plugs) 

Spark ignition engines: 
examples, 13, 21-24 
mixtute requirements, 279-282, 833-834 
operating cycle, 15-19 

Spark ignition systems: 
available voltage, 439 
breakdown, 446 
capacitive-discharge, 441 
coil,438-440 
flame1et,447-4S0 
higher energy, 445-446 
magneto, 442 
plasma-jet, 446-447 
required voltage, 439 
transistorized coil, 440-441 

Spark kernal, photographs, 397-398, 436 
Spark plugs: 

design, 442-443 
electrode geometry effects, 443-445 
rouling, 437 
heat rating. 443 

Spark timing: 
EGR, effect of, 838 
and knock, 852- 854 
maximum brake torque (MDT), 18, 37~375. 

827- 829 
rules for optimum, 375, 828- 829 

Specific emissions: 
definition, 56 
importance of, 59 

Specific fuel consumption, definition, 51, 59 
Specific fuel consumption (diesels): 

effect of: 
EGR, 863 
injection parameters, 863- 865, 867 
load and speed, 858- 860, 875-881 
swirl, 866-867 

full load, 826-827 
Specific fuel consumption (SI engines) : 

effect of: 
A/F, equivalence ratio, 831-835 
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Specific fuel consumption (SI) (continued): 
burn rate, 832- 833 
EGR, 837- 839 
heat transfer, 851-852 
spark timing, 828 

part throttle, 839- 840 
wide-open throttle, 824-827 

Specific power, 57, 59 
Specific volume, 54, 59 
Specific weight, 54, 59 
Speed, rated engine, 43, 493 
Squish : 

area, 353 
impact of, 851- 852 
motion, 353-354 
swirl interaction, 868-869 
velocity, 353- 357: 

bowl-in-piston, 354-357, 810-811, 868 
decrements, 355-356 
wedge chamber, 354 

Stagnation pressure, 251, 907-908 
Stratified-charge engines, 37-40 

direct-injection, 38- 39, 815-816 
M.A.N,, 38-39 
Texacotype,38, 815-816 

prechamber designs, 39-40, 448-450 
Sulfate emissions, 568, 626, 653--654 
Supercharging: 

aftercooling, intercooling, 249- 250, 870-871, 
873-874,876-877,878- 881 

charge cooling, 22, 249-250 
Comprex, 249, 270-273 

diesel perfonnance, 875-877 
performance map, 273 
wave processes in, 271-273 

mechanical, 249- 250, 875-877 
pressure wave, 249, 270-273, 875-877 
methods of, 248-250 
Roots blower, 256--258, 876--877, 886 
(see also Turbocharging) 

Surface ignition, 375 
different types of, 45Q-453 
preignition damage, 456-457 

Swirl, 342-353 
amplification, 349-353 
and bowl-in-piston chambers, 349- 353, 496, 

866--869 
coefficient, 344-345 
definition of, 342 
in diesels, 493-497, 866--869 
flame structure impact, 393-394 
friction effects on, 349-351 
measurements, 343-349 
ratio, 344-345, 352 

squish interaction, 810-811, 868-869 
velocity distribution, 351- 353, 809, 810-812 

Swirl generation: 
during compression, 349- 353, 496--497 
during intake, 345-349, 496--497 
with ports (4-stroke): 

helical, 346, 348-349, 810-812 
tangential, 345-346, 348-349, 812 

valve masking, 346-347 

Temperature-entropy diagram, 188-189, 793--794 
Temperatures: 

combustion chamber, 672 
components, 698-707 

cylinder head, 699, 705 
cylinder liner, 699-700, 705 
exhaust valve, 700, 705 
piston, 698--699, 700--701, 705 

Thermal boundary layers, 697--<>98, 768-769 
Thermal insulation of engines, 705--707, 881 
Thermal properties : 

ceramics, 706 
metals, 706 

Thermal reactors, 648, 657~59 
Thermodynamic charts : 

burned mixture, 116--123 
datum, 116 
low temperature, 122 

isentropic compression, 115 
mixture composition for, 113 
for unburned mixture, 112-115 

Thermodynamic relations: 
engine processes, 164-169 
ideal gas, 107- 109, 902-905 

Throttle plate: 
flow through, 305-308 
fuel atomiution at, 317 
geometry, 304-306 

Torque : 
brake,data,828,859,873,876,883 
brake, definition, 46 
relationships for, 45-46, 823- 824 
spark timing, effect of, 828, 853 

Transport properties, 141-145 
thermal conductivity, 141 
viscosity, 141- 144 

Turbines: 
A/R ratio, 872 
axial, 263, 266-269 
isenlropic efficiency, 253 
performance maps, 266--269 
radial, 263--267, 269 
velocity diagrams, 265-268 
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Turbocharged diesels: 
combustion characteristics, 879-880 
DI engine performance, 877-881 
different supercharging methods, 249-250, 

875-877, 879-881 
hyperbar system, 881 
IOI engine performance, 875-877 
two-stage, 249-250, 879-880 
two-stroke, 883-886 
turbocompounding, 249-250, 789-791, 

879-881, 884 
Turbocharged SI engines: 

advantages of, 870 
boost pressure, 872-873 
charge, p, T, 870-871 
compared with NA engines, 873-874 
compression ratio, 87J~872, 874 
knock impact, 869-872 
power, torque, 873- 874 
spark advance, 871-872 

Turbocharger: 
dynamics, 789-792 
layout, 20-23, 208, 790 
matching, 791 
operating characteristics, 269-270, 877-879 
thermodynamic relationships, 249-254, 259, 

264-265 
Turbocharging, 249-250 

constant pressure, 263 
pulse, 263 
two-stage, 249-250, 791, 879-880 
wastegate, 270, 873, 875, 878 
(see also Supercharging) 

Turbocompounding,249-250, 789-791,881,884 
Turbulence: 

character of, 330-131, 339-340 
flames, effect on, 390-392, 41Q-412, 771- 778, 

847:.850 
models, 775-777, 799- 803 
scales: 

data,342,401, 410,412 
integral, 333-334 
Kolmogorov, 335 
microscale, 335 

velocities: 
autocorrelations, 333-334 
data,338-342,41Q-412,809 
definitions, 331-333 
ensemble-averaged, 331-333, 336--337, 

41o-41 l 
individual-cycle mean, 332-333, 337, 

41Q-4ll 
intensity, 331, 336-337, 353, 4lo-412, 

775-777, 809. 811 

INDEX 919 

intensity at TC, 341 
laser doppler anemometry, 336, 808 
mean,331-332,336 
with swirl, 342, 353 

Two-stroke cycle, 11-12 
charge compression, 237-238 
diesels : 

combustion characteristics, 885 
efficiency of, 883-886 
performance of, 883-886, 887 
scavenging data, 244--245 

charge purity, 238, 244--245 
p•V diagram, 47 
scavenging, 235-245, 881-884 
SI engines: 

bsfc, 883 
charging efficiency, 243-244, 881- 883 
emissions, 883 
examples, 24, 881- 883 
performance of, 881-883, 887 
trapping efficiency, .243-244, 882-883 

Unburned HC emissions (diesels): 
contribution to partic11,dates, 620 
effect of: 

EGR. 863 
injection parameter:s, 863-864 
load, 861-862 

mechanisms, 620--622, 62S 
nozzle sac volume, 62:~24 
overleaning, 622--623 
quenching and misfire, 625 
undermixing, 623--625 

Unburned HC emissions: (SI engines): 
absorption/desorption1 in oil, 608--610 
burn rate effects, 611--,612, 845-846 
combustion quality efliects, 610--612 
composition of, 597, 614-615 
crevice mechanism, 604-608 
deposit mechanism, 612 
effect of: 

compression ratio, ~144 
equivalence ratio, S'.70-571, 835-836 
load, speed, 840--84Jl 
spark timing, 829 

exhaust concentration:s, 602-603 
flame quenching, 603-604 
mechanisms, 568-570, 601--603, 618-619 
oxidation, 600, 614-618 
oxygenates, S98 
reactivity, 597- 598 
secondary air, 616--{;1 i' 
transport mechanisms,, 612--614 
{see also Catalytic con·verters) 
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Vnburned mi~turc: 
composition, 102- 107 
properties, 112- 116, 130-135 

Unit conversion factors, 899-901 

Valve: 
choking, 217, 228 
curtain area, 226 
diameters, 222 
discharge coefficient, 226-230 
flow area, 222-224 
flow pattern, 227, 229, 327- 329, 333, 807- 808 
fl.ow rate, 225-226, 231- 232 
geometry, 220-224 
Mach index, 228 
mean inlet Mach no., 228 
overlap, 206, 224 
pseudo flow velocity, 224--225 
timing, 224-225 
velocities, through, 327, 348- 349, 808- 810 

Valve train configurations, 737-739 
Valve train friction, 737-739 
Volumetric efficiency: 

correction factors for, 54-55 
definition of, 53-54 
effects of; 

fuel factors, 210-211 
heat tl'ansfer, 211, 217-218 
manifold pressures, 211-216 
runner length, 218 
speed,216-220, 761-762 
valve timing, 215, 217-220 

ideal cycle, 179, 209-212 
and performance, 850-851 

Wankel : 
Felix,4 
rotary engine, 4 

components, 23-25 
example, 26 
operation, 24-25 

Wastegate, 270, 873, 875, 878 
Weber number, 532 
Work per cycle, indicated, 46-47, 164 
Working fluids: 

constituents, 100-102 
properties and cotnposilion ; 

computer routines, 130-139 
data on, 911- 915 

thennodynamic models, categories of, 101- 102 
(see also Air: Burned gas; Exhaust gas; Fuels; 

Gas properties: Unburned mixture) 

Page 964 of 966



Page 965 of 966



Page 966 of 966




