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SECTION 3.1

POWER PUMP THEORY

WILLIAM K. CHAPLIS
FREDERIC W. BUSE

A power pump is a positive displacement machine consisting of one or more cylinders, each
containing a piston or plunger. The pistons or plungers are driven through slider-crank
mechanisms and a crankshaft from an external source. The capacity of a given pump is
governed by the rotational speed of the crankshaft.

Unlike a centrifugal pump, a power pump does not develop pressure; it only produces a
flow of fluid. The downstream process or piping system produces a resistance to this flow,
thereby generating pressure in the piping system and discharge portion of the pump. The
flow fluctuates at a rate proportional to the pump speed and number of cylinders. The
amplitude of the fluctuations is a function of the number of cylinders. In general, the greater
the number of cylinders, the lower the amplitude of the flow variations at a specific rpm.

All power pumps are capable of operating over a wide range of speeds, thereby making
it possible to produce a variable capacity when coupled to a variable speed drive. Each pump
has maximum suction and discharge pressure limits that, when combined with its maxi-
mum speed, determine the pump’s power rating. The pump can be applied to power condi-
tions that are less than its maximum rating but at a slight decrease in mechanical efficiency.

The power pump is a positive displacement device. When operating, it will continue to
deliver flow independent of the pressure in the dlscharge piping system. Unlike a centrifu-
gal pump, a power pump will not “deadhead” or “go back on its curve” in response to increas-
ing discharge pressure. When this pressure exceeds the design limits of the pump,
mechanical failure—often catastrophic—will result. For this reason, all piping systems incor-
porating power pumps must have discharge pressure relief devices to limit the pressure in
the piping system and avoid pump failure. These devices must be located between the dis-
charge connection on the pump and the first isolation valve in the piping system.

This section has been organized to provide sufficient power pump theory to properly
select a pump for most applications. It is recognized that the proper pump metallurgy for
the pumped fluid must be used, but due to the vast number of possible fluids, selection of
pump metallurgy is outside the scope of this section.

3.3
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34 CHAPTER THREE

The subject of Net Positive Suction Head (NPSH) is mentioned in several places in this
section and is covered in more detail in Section 3.4, “Displacement Pump Performance,
Instrumentation, and Diagnostics.” For basic power pump selection, it is only necessary to
understand that the NPSH available from the suction system must be sufficiently above
the NPSH required by the pump to operate properly.

SELECTION THEORY

Power Brake horsepower (bhp) is a function of a pump's capacity (flow rate), differential
pressure, and overall efficiency. It is an essential criterion for selecting the drive compo-
nents but is not valuable for pump selection. A large pump operating well below its design
rating can meet the same horsepower requirements as a smaller pump running at a higher
speed. Unless the application requires a derated pump, it is usually more economical to
select a pump at the upper end of its design rating.

The brake horsepower for the pump is

In USCS units bhp = (@ x Ptd x 100)/(1714 X OF)

In SI units kW = (@ X Ptd X 100)/(36 X OE)

where @ = delivered capacity (flow rate), gpm (m%h)
Ptd = differential pressure (discharge — suction), 1b/in? (bar)
OE = overall efficiency, %

NOTE: One bar equals 10° Pa.

Capacity The capacity Q is the total volume of fluid delivered per unit of time. This fluid
includes liquid, entrained gases, and solids at the specified conditions.

Displacement Displacement D, gpm (m*h), is the calculated capacity (volume flow rate)
of the pump with no slip losses. For single-acting plunger or piston pumps, this is

In USCS units D=AXmXnXs/231
In SI units D=AXmXnxXsx6x10°
where A = cross-sectional area of plunger or piston, in? (mm?)
m = number of plungers or pistons
n = rpm of pump

s = stroke of pump, in (mm) (half the linear distance the plunger moves in one
revolution)

231 = in¥/gal
For double-acting plunger or piston pumps, this is

In USCS units D =(2A —a)m X n X /231
In SI units D=(2A~amXxnXgx6x103

where a is the cross-sectional area of the piston rod, in?(mm?).

Pressure The pressure Ptd used to determine brake horsepower is the differential pres-
sure or discharge pressure minus the suction pressure. In most applications, the suction
pressure is small relative to the discharge pressure. However, when pumping some com-
pressible liquids, such as methane and propane, the suction pressure may be 20 to 30%
of the discharge pressure. For accurate brake horsepower calculations, always include the
suction pressure. Figure 1 shows a typical performance curve for a power pump.
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3.1 POWER PUMP THEORY 3.5

POWER, kW
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FIGURE 1 Typical power pump performance: brake horsepower versus gallons per minute (kilowatts versus m*h)
baged on zero slip (Flowserve Corporation)

Slip Slip (8) is the loss of capacity due to internal and external pump leakage. External
leakage occurs primarily through the stuffing box via the packing. Internal leakage is pri-
marily the backflow past the suction and discharge valves. Backflow occurs when a valve
remains open for a fraction of a second as the plunger or piston reverses direction. A small
amount of leakage may occur across the piston in a double acting pump from the high
pressure side to the low pressure side. Slip is expressed as a percentage loss of the dis-
placement flow rate and is typically 1 to 4%:

S =100 X (B+ V+L)D

where S = Slip, %
B = Leakage through the stuffing box
V = Backflow across the valves
L = Internal leakages

Fluid viscosity, pump speed, and discharge pressure can all have an effect on slip,
which is shown in Tables 1 and 2.

Mechanical Efficiency The mechanical efficiency of a power pump is
In USCS units ME = displacement power/power in= Py,,/P;,= D X Pdt/1714 X P,
In ST units ME = displacement power/power in = Py;,;/P;, = D X Pdt/36 X P,
where P, is the input power from the driver, bhp (kW).

The mechanical efficiency of a power pump is the sum of all the frictional losses in the

fluid and power ends. These include the plungers and packing, the crossheads, the rod
seals, and the bearings. The efficiency of a single acting pump often exceeds 90%, while a

TABLE 1 Slip in a pump with a plate valve

Centistokes 100 1,000 2,000 6,000 10,000 12,000
Slip, % 8 8.5 9.5 20 41 61
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3.6 CHAPTER THREE

TABLE 2 Slip as a function of pump speed and pressure

Slip, %
Pressure, 1b/in? (bar) At440rpm At390rpm At 365 rpm
4000 (275) 11 22 34
3000 (207) 9 20 31
2000 (138) 7 18 30
1000 (69) 7 15 27.5

double-acting piston pump will be 88% due to the additional piston and rod seals, If the
pump is equipped with internal gearing, an additional 2% loss is common.

Most power pumps are designed to accept a range of plunger or piston sizes. When the
larger plungers are used, the increased diameter of the packing/seals and plunger/liners
will result in higher frictional losses than with smaller components. As a rule, doubling the
plunger/piston diameter will decrease the mechanical efficiency by 8%. Mechanical effi-
ciency is also affected by speed and, to a lesser extent, by developed pressure, as indicated
in Tables 3 and 4.

Speed Pump speed, or, more correctly, stroke rate, is one of the most critical selection
criteria for power pumps. The rotating and reciprocating parts of the power end, as des-
ignated, are often capable of speeds twice that of the actual pump rating. The maximum
pump speed is determined by the design of the fluid end, the hydraulic capability of the
anticipated suction system, and the required life of the plungers, packing, and valves. Most
power pump standards limit the plunger speed from 140 to 280 ft/min (0.71 to 1.42 m/s).
The plunger speed is

In USCS units Sp=sXn/6
In ST units Sp = s X n/30,000
where Sp = plunger or piston speed, ft/min (m/s).

s = stroke of the pump, in (mm) (half of the linear distance the plunger or
piston moves in one revolution)

n = rpm of pump

All pumps have a minimum speed limit, usually determined by a decrease in the ade-
quate lubrication to the bearings in the power end.

Volumetric Efficiency Volumetric efficiency (VE) is the ratio of the discharge volume to
the suction volume, expressed as a percentage, plus the slip. It is proportional to the ratio
r and the developed pressure where r is the ratio of the internal volume of fluid between
valves when the plunger or piston is at the top of the peak of its back stroke (C + D) to the
plunger or piston displacement (D) (see Figure 2).

Since the discharge volume cannot be readily measured at discharge pressure, it is
taken at suction pressure. Taking the discharge volume at the suction pressure results in
a higher volumetric efficiency than using the calculated discharge volume at discharge

TABLE 3 The effect of speed on mechanical
efficiency at a constant developed pressure

% of full speed 44 50 73 100
ME, % 93.3 92.5 92.5 92.5
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3.1 POWER PUMP THEORY 3.7

TABLE 4 The effect of pressure on mechanical efficiency at constant speed

% of full-load developed pressure 20 40 60 80 100
ME, % 82 88 90.5 92 92.5

pressure because of fluid compressibility. Compressibility becomes important when pump-
ing water or other liquids over 6000 lb/in? (414 bar), and it should be taken into consider-
ation when determining the actual delivered capacity into the discharge system.
Figure 3 shows the approximate volumetric efficiency for water (not including slip).
Based on the expansion back to suction capacity,

VE =100 X (1 — Ptd X B X r)/(1 = Ptd X B) = S
Based on discharge capacity,
VE=100x(1-Ptd XBXxr)— 8

where 3 is the compressibility factor of the liquid being pumped. Figure 4 shows approxi-
mate values of B for various liquids.

When the compressibility factor is not known, but the suction and discharge density
can be determined in pounds per cubic foot, the following equations can be used for calcu-
lating VE:

Based on suction capacity,

VE = 100 X [r — (pg/p)(r —1)] = S
Based on discharge capacity,
VE =100 X [1 = r(1 = py/pg)] — S

where p, = suction density
p. = discharge density
S = slip

Torque The average torque required by a power pump is independent of the pump
speed, assuming the suction and discharge pressures are held constant. This means that
the pump is a “constant torque” device and, unlike a centrifugal pump, will have a flat
speed-torque curve. The torque required at the input shaft is as follows:

In USCS units M = p x 5250/n
In ST units M =p X 9.549/n
where M = pump torque, Ib-ft (N - m)

n = speed, rpm

p = power, bhp (kW)

TOP OF BACK ()
STROKE
Eg DANC

—

€40
f'n

FIGURE 2 The ratio r {Flowserve Corporation)
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3.8 CHAPTER THREE

VOLUMETRIC EFFICIENCY, %
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FIGURE 3 Volumetric efficiency (Flowserve Corporation) {Ib/in? X 0.89 = bar)

Break-away torque, or start-up torque, is the torque required to initiate the motion of
the pump to enable it to accelerate to a constant speed. If the pump is started against an
open bypass to pump suction, the torque requirement is 25% of the running torque. If the
pump is started against full discharge pressure, the torque requirement is 125% of the
running torque. When selecting a drive system, the break-away torque of the pump must
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FIGURE 4 Compressibility factor (Flowserve Corporation) (bar X 14.5 = lb/in?

GD ENERGY PRODUCTS LLC
Petitioner

EX1010

Page 9 of 153



3.1 POWER PUMP THEORY 3.9

TABLE 5 The pulses per revolution and pulse amplitude for various pump types

Pump Type No. of Cylinders  Pulses per Rev.  Pulse Amplitude
Duplex, double-acting 4 8 +24% — 22%
Triplex, single-acting 3 6 +6% - 17%
Quintuplex, single-acting 5 10 + 2% - 5%
Septuplex, single-acting 7 14 +1.2% — 2.6%
Nonoplex, single-acting 9 18 +0.6% — 1.5%

be considered. Special “high torque” motors are often required if the pump is to be started
under the load.

If a variable frequency drive (VFD) is used for pump speed/capacity control, torque fluc-
tuations or pulsations may require the drive manufacturer to provide special electronic
dampening circuits. The normal pulsating flow of the pump causes the input power to fluc-
tuate at approximately the same magnitude as the flow pulses. The frequency of these
pulses per revolution of the crankshaft is twice the number of cylinders (see Table 5).

If the pump has internal gearing, or if the pump is being driven by an external gear
reducer, the torque pulsation values listed should be divided by the gear ratio.

Derating Power pumps can be derated in order to achieve acceptable performance or
part life in a variety of special applications. The most common derating is pump speed.
Experience has shown that the life of fluid-end expendable parts, such as plungers, pack-
ing, and valves, can be extended if the pump speed/plunger velocity is reduced when
pumping certain fluids. Some guidelines for acceptable plunger speeds are shown in
Table 6.

Pumping high-viscosity fluids may also require the speed of a power pump to be der-
ated. Some attempts have been made to establish standards for speed derating as a func-
tion of the fluid viscosity. Unfortunately, these methods have been based on power pump
designs that were established for water or similar low-viscosity services. If a pump has
been designed specifically for a high-viscosity service, only moderate speed derating may
be required. Generally, pumps designed with large internal fluid passages, low-valve veloc-
ities, and larger plungers or pistons will need less derating.

Power pumps should be derated for a rod load if system or process “upsets” cannot be
avoided. These are usually applications where the gas content of the pumped fluid can
lead to abnormal pressure pulsations or cavitations in the fluid cylinder.

TABLE 6 Guidelines for acceptable plunger speeds

Fluid

Cold water
Hot water 140-194°F (60-90°C)
Hot water over 194°F (90°C)

Plunger Speed, ft/min (m/s)

315-354 (1.6-1.8)
217-256 (1.1-1.3)
157-217 (0.8-1.1)

Salt water 236-276 (1.2-1.4)
Cold oil 315-354 (1.6-1.8)
Hot oil 256-295 (1.3-1.5)
Crude oil 217-276 (1.3-1.5)
Liquid ammonia 197-236 (1.0-1.2)
Carbamate 138-158 (0.7-0.8)
Slurry 158-197 (0.8-1.0)
Fatty acid 236-295 (1.2-1.5)
Light hydrocarbons 177-236 (0.9-1.2)
Glycol 256-295 (1.3-1.5)

High-viscosity liquids 138-197 (0.7-1.0)
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3.10 CHAPTER THREE

FLUID END THEORY

Pumping Cycle Unlike the relatively smooth, continuous flow of fluid through a cen-
trifugal pump, the flow of fluid through a power pump occurs in a transitory dynamic con-
dition called a pumping cycle. The event that initiates this cycle is the linear movement
of the plunger or piston. In Figure 5, r is the radius of the crank in feet (meters), L is the
length of the connecting rod in feet (meters), C equals L / r, and w equals (27 / 60) X rpm.
Thus, X , the linear movement of the piston or plunger is

2
1 —cosG+L<1— 1—§(sine)2>.

-

X=r

As the plunger (or piston) withdraws from the fluid cylinder or pumping chamber, the
volume of the cylinder increases. The pressure in the cylinder decreases in response to the
increased volume. Since most of the fluids handled by power pumps are relatively incom-
pressible, very little plunger movement is required to cause a pressure drop. When the
cylinder pressure drops sufficiently below suction pressure, the differential pressure
begins to open the suction valve. The valve opens gradually and smoothly at the start of
the suction stroke because the velocity and acceleration of the plunger are small,

Fluid flows through the suction valve assembly, following the plunger and filling the
cylinder. As the plunger decelerates at the end of the suction stroke, the suction valve
gradually returns to its seat. Ideally, the suction valve is completely closed as the plunger
comes to a stop.

The motion of the slider-crank mechanism causes the plunger to reverse direction and
start its discharge stroke. The fluid trapped in the fluid cylinder is compressed until the
cylinder pressure exceeds the discharge pressure by an amount sufficient to begin to open
the discharge valve. As with the suction valve, the discharge valve continues to open until
it reaches its travel limit or until the velocity of fluid through the valve becomes constant.
As the plunger decelerates, the valve moves back toward its seat. Again, ideally, the dis-
charge valve closes when the motion of the plunger stops.

The number of pumping cycles in a single revolution of the crankshaft is the same as
the number of cylinders in the pump. Every cylinder will “pump”in a sequence determined
by the “firing order” of the crankshaft. The cylinders are arranged in parallel, with each
one discharging into a common discharge manifold. In industry terms, the pump is usually
identified by the number of plungers or pistons on the crankshaft. They are the same for
single- or double-acting pumps (see Table 7).

Pulsations The pulsating characteristics of the fluid flowing into and out of power
pumps are significantly influenced by the number of plungers or pistons. Discharge flow
pulsations are the most critical because of the high energy potential generated when the
system resistance reacts with the flow to create pressure. Since the magnitude of the dis-
charge pulsation is mostly affected by the number of cylinders, increasing the number of
cylinders will reduce the flow pulsations.

DiSCHARGE VALVE
PLUNGER

SUCTION VALVE
FIGURE § Slider-crank mechanism
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3.1 POWER PUMP THEORY 3.11

TABLE 7 Industry terms for the number of plungers or pistons

Number Term

Simplex
Duplex
Triplex
Quadruplex
Quintuplex
Sextuplex
Septuplex
Nonuplex

OO W

The acceleration and velocity of the plunger or piston will determine the rate that the
fluid is discharged from the cylinder. The approximate velocity of the plunger or piston is

_dx _ . sin 26
S_dt r<sm0+—2c )w

The approximate acceleration of the plunger or piston is
cos 2o)w,
c

The momentary rate of discharge capacity is the cross-sectional area A of the plunger or
piston times velocity:

dx
Cp =-a?=r<cose +

For single-acting plunger or piston A =0.785 x D?
For double-acting piston A-a=0785(D"-d?%

The total discharge @ is equal to ALS ‘, where S’ is the number of effective strokes in
a given time, The quantity @ is the area of the curve, the mean height of which is

Total Q/t = ALS'/t = ALS"

where S” is the number of strokes per second and ¢ is time in seconds.

Figures 6 and 7 show discharge rates for two types of pumps. Tables 8 and 9 show how
variations from the mean are related to the change in the number of plungers with a C of
approximately 6:1. This shows that pumps with an even number of cylinders have a higher
flow variation than pumps with an odd number of cylinders. Table 9 shows the variations
in a triplex with changes in C = L/R.

Valves A pump valve in its simplest form is a free-moving plug that is opened when the
force of the liquid below the valve exceeds the force of the liquid above it. When the force
above the valve becomes greater than the lower, the plug closes and forms an effective seal
to fluid “backflow” and pressure loss. If the valve does not perform this function efficiently,
the performance of the pump can be degraded to the point where no flow is produced.

VARIATION ABOVE MEAN
VARIATION BELOW MEAN

FIGURE 6 The discharge rate for a single double-acting pump (Flowserve Corporation}
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3.12 CHAPTER THREE

VARIATION ABOVE MEAN
VARIATION BELOW MEAN

1 180 240
120" s 120"~
FIGURE 7 The discharge rate for a triplex single acting pump (Flowserve Corporation)

A valve will be in equilibrium when the forces above and below the valve are balanced
(see Figure 8):

Equilibrium = Py X A; = P, X Ay + S+ M
where P = the pressure below the valve
A = the area below the valve exposed to P
P = the pressure above the valve
A = the area above the valve exposed to P
S; = the force of the valve spring (if any)
M = the mass of the valve and half the mass of the spring

The significance of this simple equation becomes apparent when you remember that
the valve is operating in a dynamic environment of constantly changing pressures in a
time frame that is measured in tenths of a second. Add to that the requirement that the
valve must pass a volume of fluid in each opening cycle with minimal pressure drop, and
it becomes clear that the pump valve is the most critical component in the fluid end in
terms of pump operability.

The pump designer will size the valves to provide a flow area, called the spill area, that
prevents preestablished velocity limits from being exceeded. The spill area of various valve
types is given in Table 10. The velocity of the fluid flowing through the spill area is called
the spill velocity, V, shown in Table 11:

In USCS units V (ft/sec) = gpm through the valve x 0.642/spill area of the valve, in®
In SI units V (m/s) = m®/h through valve X 555.6/spill area of the valve, mm?

The quantity 0.642 (555.6) is used because all the liquid passes through the valve in
half the stroke.

Valve Dynamics Valve dynamics is the mechanical response of the valve to the changes
of pressure across the valve. Using a suction valve as an example, the valve starts its cycle

TABLE 8 The effect of the number of plungers on variations in capacity from the
mean (C is approx. 6:1)

Number of % % Total  Plunger
Type Plungers Above Mean  Below Mean % Phase
Duplex 2 24 22 46 180 deg.
Triplex 3 6 17 23 120 deg.
Quadruplex 4 11 22 33 90 deg.
Quintaplex 5 2 5 7 72 deg.
Sextuplex 6 5 9 14 60 deg.
Septuplex 7 1 3 4 51.5 deg.
Nonuplex 9 1 2 3 40 deg.
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3.1 POWER PUMP THEORY 3.13

TABLE 9 The effect of change in C on variations in
capacity from the mean for a triplex pump

C % Above Mean % Below Mean Total %
4:1 8.2 20.0 28.2
5:1 7.6 176 25.2
6:1 6.9 16.1 23.0
71 6.4 15.2 216

when the valve is closed and the plunger is at the start of its suction stroke (maximum
insertion into the cylinder). As the plunger starts withdrawing from the cylinder, the inter-
nal volume in the cylinder starts to increase. This increasing volume results in decreas-
ing cylinder pressure that, in turn, hydraulically unbalances the valve and the valve
begins to open. There is usually a slight lag in the valve opening versus the start of the
plunger motion of about 5 to 20° of crankshaft rotation. Traditionally, the opening valve
lag is attributed solely to the inertia required to set the valve in motion and the preload
of the valve spring. In the last few years, the theory of valve stiction has been proposed as
an additional cause of valve opening lag.

Valve stiction, as the name implies, can be an additional force to overcome when the
valve is trying to lift off its seat. One version of the theory is that a cohesive force exists
between the fluid molecules and the sealing surfaces of the valve and seat. This can be
demonstrated by trying to separate two wet, highly machined plates. The second stiction
theory focuses on possible fluid dynamic conditions that may occur as fluid starts to flow
across the valve seat. Valve seats do not have “knife edge” sealing surfaces; they have a
width that distributes the stresses in the valve and seat. The stiction theory postulates
that the flow of fluid from the smaller area at the center of the seat to the larger area
around the seat causes a pressure drop across the seat. The pressure drop is the result of
the radial divergence of the fluid and is strong enough to momentarily prevent the valve
from opening. Extreme cases have even resulted in a circumferential ring of cavitation
located at the center of the sealing areas of the seat and valve.

Field testing valves with special grooves and radial slots in the sealing face has proven
successful in reducing stiction and opening valve lag in some cases. Narrowing the seal-
ing faces may also prove effective, although part life may decrease due to increased stress
and decreased wear area. Additional computer modeling and testing is required before the
stiction theory can be completely validated.

As the valve continues to open, the spill area increases proportionally. It must be
remembered that fluid is now flowing through the valve at an increasing rate while try-
ing to fill the expanding cylinder volume created by the plunger withdrawal. Ideally, the
motion of the valve will exactly correspond to the flow rate of the fluid through the valve,
and the valve follows a smooth trajectory to a full open position (see Figure 9).

A2 Sf P2

I
&ir i_f_i_J__\

FIGURE 8 Force balance of a typical valve
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3.14 CHAPTER THREE

TABLE 10 Types of valves and their applications (Flowserve Corporation)

TYPE SKE TCH PRESSURE, APPLICATION
A SEAT AREA LBAZ | oL ean FLUID. PLATE
B:SPILL AREA IS METAL OR

PLATE 8 5000 | PLASTIC
i {345)
7 TAeasP2T

CLEAN FLUIDS.
%B CHEMICALS
WING 1?638)0
7 7

£LUIDS WITH

S‘E’ER"S liﬁu 3 Lf'r‘ﬁ'cn
) |

30,000 | FRESSURE. BALL IS

(20891 | CHROME PLATED

% 8 CHEMICALS
PLUG 6,000

7l 1814}
7 a7, '

MUD, SLURRY, POT

[ DIMENSIONS TO API-12,
mszR'r\g)' POLYURETHANE OR
SLURRY 8| 2500 | BUNA-N INSERT

BALL

This idyllic situation only occurs in very slow running pumps that are fitted with over-
sized valves. In modern higher speed pumps, the valve often accelerates at a rate fast
enough to create a spill area greater than that required to maintain a constant flow veloc-
ity. At this point, the valve motion momentarily stops, and the valve may even start to
close before the fluid flow once again matches the spill area. The valve then returns to the
smooth trajectory until the maximum valve lift oceurs.

After the plunger passes the mid point of its stroke, it starts decelerating. The flow of
fluid through the valve is high enough to start to build pressure in the cylinder and unbal-
ance the valve and start the valve closing. The valve spring has reached its maximum com-
pression and, if properly designed, will help accelerate the valve back toward the seat.
When the plunger reaches the end of the suction stroke, the valve should also be closing.
The amount of crankshaft rotation that occurs between the time when the plunger reaches
the end of its stroke and when the valve is completely closed is called the delayed valve
closing and is normally 2 to 12° of crank rotation. Although a delayed valve opening may
have little effect on overall pump performance, a delayed valve closing certainly will. A
valve that is partially open when the plunger reverses direction will result in backflow.
Backflow, as the name implies, is the reverse flow of fluid back across the valve and results
in lower pump volumetric efficiency.

TABLE 11 Valve spill velocities

Valve Spill velocity, ft/s (m/s)
Clean liquid suction valve 3-8 (0.9-2.4)
Clean liquid discharge valve 6-20 (1.8-6)
Slurry suction and discharge valve 6-12 (1.8-3.7)
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FIGURE 9 Valve lift versus crank angle (in X 2.54 = ¢cm)

Many pump valves are designed with mechanical limits to the distance that the valve
is allowed to open or lift. This is normally done to avoid overstressing the valve spring and
to minimize the overall height of the valve assembly. Valve motion for a valve designed
with a mechanical stop is shown in Figure 10. Another advantage of this design is that the
valve does not have to travel as far during its closing cycle, compared to valves with no
mechanical limits. The disadvantage is the potential for impact damage to the valve if it
strikes the stop with excessive force.

0.20
0.18
0.16
0.14
0.12
010
0.08
0.06
0.04 |
0.02
0,00 |-

Valve Lift (in.)

Crank Angle (deg)

FIGURE 10 Valve lift versus crank angle for a valve with a mechanical stop (in x 2.54 = cm)
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3.16 CHAPTER THREE

The importance of valve mass to overall valve dynamics has been the subject of much
debate among pump designers over the years. There is no question that the mass of the valve
must be overcome in order to open the valve, Test data are also available that shows no appre-
ciable difference in the performance of pumps fitted with hollow ball valves versus identical
pumps with solid ball valves, This apparent contradiction can be explained by studying valve
acceleration at various parts of the valve cycle using advanced computer modeling.

It has already been explained above why a valve can hesitate, or stop opening, during
the opening portion of its cycle. It's also been stated that when the valve spill area is large
enough to establish a hydraulic balance, the valve will stop opening. What actually occurs
is the valve starts decelerating as it comes closer to hydraulic equilibrium. If the valve is
properly designed, it will contact its mechanical stop just as its acceleration/deceleration
is very low. In that case, the valve mass has little significance on the impact force of the
valve on the stop. The same holds true of the impact force of the valve on the seat as it
closes. If the valve is properly designed, a 62-1b (28-kg) solid ball valve operating at
100 cycles per minute can strike the seat with less than 20 1b (9 kg) of force.

Although pump valves operate in a liquid medium, the shape of the valve is not an
important design consideration for most applications. The relatively small distance that a
valve travels is not sufficient for the fluid dynamics of a shape to have a measurable effect
on valve dynamics. The only exception to this is valves in pumps handling high-viscosity
liquids. For these applications, the ball valve, often spring-loaded, has proven to reduce
closing valve lag and increase volumetric efficiency better than any other type of valve.

The most critical component in the optimization of valve dynamics is the valve spring. The
pump designer normally selects a valve spring that will exert a certain amount of “pre-load”
on the valve when it is closed. This pre-load helps the valve to close smoothly on the seat and
avoid rebound (and possible backflow). Too high a preload in the suction valve may result in
higher net positive suction head required (NPSHR). In the discharge valve, excessive preload
can cause abnormally high pressure spikes in the fluid cylinder just before the valve opens.

The other valve spring design criterion is the spring rate. Every compression spring
develops a predetermined resistance per unit length. This value is expressed in pounds per
inch (kg per cm). As the valve is opening, the increasing spring force helps the valve obtain
hydraulic balance faster. It also helps to limit the impact force of the valve on the stop. At
the start of the closing cycle, the stored energy in the compressed spring helps the valve
respond faster to the pressure changes in the fluid cylinder as the plunger starts to decel-
erate. Again, if the spring is properly designed, the closing valve lag will be minimized.

No published guidelines exist for the proper amount of valve spring pre-load or spring
rate. Most pump designers use proprietary values, generated through a combination of in-
house and field testing. However, although these values produce low NPSHR and high vol-
umetric efficiency in most cases, the valve dynamics may not be close to being optimized.
It should also come as no surprise that pumps fitted with “off-the-shelf” commercially
available valves do not operate as well as pumps having optimized valve dynamics.

With the recent advent of advanced computer modeling of pump valves, it is now pos-
sible to optimize valve dynamics for a specific set of pump operating parameters. We may
also see valve designs in the near future having variable rate valve springs, hydraulic
dampening, and mechanisms that induce rotation as the valve opens and closes.

POWER END THEORY.

The power end or drive end of a power pump consists of a crankshaft, connecting rods,
crossheads, and bearings, all housed in a rigid structure referred to as the frame. Details
of the design and construction of these components are covered in Section 3.2, “Power
Pump Design and Construction.” The slider-crank mechanism that converts rotational
driving energy to the reciprocating motion that actuates the pistons or plungers can be
found in reciprocating gas compressors, automotive engines, and stationary and marine
engines. However, the stress loading pattern of power pump components is unique to this
type of mechanism.

GD ENERGY PRODUCTS LLC

Petitioner
EX1010

Page 17 of 153



3.1 POWER PUMP THEORY 3.17

CROSSHEAD

LOAD ON FRAME =

CRANKSHAFT

FIGURE 11 Power end, horizontal pump (Flowserve Corporation)

Applying Rod Load to the Power End As stated earlier, the loading on the power end
is called the rod load and is the product of the area of the plunger multiplied by the max-
imum discharge pressure. In a gas compressor or engine, this loading increases over 90 to
180° of crank rotation before maximum loading is reached. In a power pump, the maxi-
mum loading is reached in less than 30° of crank rotation due to the relative incompress-
ibility of the pumpage. Since this loading cycle is repeated with each plunger stroke, the
actual loading resembles a shock load more than a simple cyclic fatigue load. The design
criteria for the stressed components of the power end must therefore include the mater-
ial’s capability to absorb shock loads and overall safety factors greater than 3:1.

Another critical factor in the capability of the power-end components to handle the rod
load is how the load is applied. Figures 11 and 12 show the direction of the load on the

l LOAD ON FRAME
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! 1-" CONNECTING ROD
A } CROSS WaY
N mr—
WRIST PIN
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FRAME

k‘ CRANKSHAF T
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FIGURE 12 Power end, vertical pump (Flowserve Corporation)
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3.18 CHAPTER THREE

frame and connecting rod for two different power end configurations. On vertical pumps
with outboard packed stuffing boxes, the frame is in compression and the crosshead and
connection rod are in tension. With horizontal, single-acting pumps, the frame is in ten-
sion, and the crosshead and connecting rod are in compression. The material selection and
factors of safety must be altered accordingly.

Liquid Separation from the Plunger It has already been explained that fluid flows
through the suction valve (and suction manifold and related piping) to fill the increasing
cylinder volume caused by the withdrawal of the plunger. If the plunger accelerates faster
than the flow of incoming liquid, the liquid will lose contact or separate from the plunger.
The void that forms will be at a pressure lower than anywhere else in the cylinder. If the
pumpage contains entrained gas, the gas may come out of a solution in this low-pressure
area. The gas bubbles, when recompressed later in the plunger stroke, can cause cavita-
tion damage to the plunger and surrounding cylinder.

The geometry of the slider-crank mechanism affects the point at which liquid separation
occurs, As the ratio of the connecting rod length to the crank radius increases, the pump
speed at which liquid separation occurs will decrease. Since liquid separation can be the
determining factor in a pump’s NPSHR, the pump designer must carefully evaluate the
slider-crank geometry in order to optimize the pump’s hydraulic performance. The pump
speed at which water will separate from the end of the plunger can be calculated from the
following:

. (34 h - hf)Aa
In USCS units: rpm = 54, 5\/ m
P

((10.36 =, ~ h)A,
rpm = 16 6\/ LR - (JLR)A,

In SI units:

where h, = suction head, ft (m)
h, = piping frictional loss, ft (m)
A, = area of suction pipe, in? (mm?)
L = length of connecting rod, centerline to centerline, ft (m)
R = crank radius, ft (m)
| = length of pipe where resistance to flow is to be measured, ft (m)
A

, = area of plunger, in? (mm?)

Unbalanced Forces Due to the relatively slow speed of a power pump, the inertia loads
of the rotating/reciprocating parts are low enough to avoid the vibration problems asso-
ciated with centrifugal pumps. For that reason, power pump crankshafts are not normally
balanced. However, when the power pump is coupled to a drive containing a high-speed
motor and gear reducer, a torsional analysis of the pump/drive unit may be required. For
this analysis, the unbalanced forces of the rotating and reciprocating pump components
can be calculated as follows:

Unbalanced Recliprocating Parts Force (F,.) Parts are typically about one-third of the
connecting rod weight (the crosshead, the crosshead bearing, the wrist pin, the pony rod,
and the plunger). Additional parts on vertical pumps include the pull rods, yoke, and
plunger nut.

\i R
F, = ~g—w2R(cose + 1, cos 9)

where F,,. = reciprocating parts force, Ib (N)
W = weight of all reciprocating or rotating parts, Ib (N)
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3.1 POWER PUMP THEORY 3.19

g = 32.2 fv/s? (9.81 m/s?)

@ = (27/60) X n (n = pump rpm)

R = one-half of stroke, ft (m)

L = length of connecting rod, centerline to centerline, ft (m)

@ = crank angle; usually maximum force is at ¢ = 0°,cos 6 =1

Unbalanced Rotating Parts Force (F,;) Parts are typically about two-thirds of the
connecting rod weight, crank end bearing, and crankpin, where the variables are as above.

Fo=Y R
g

Mechanical Efficiency The mechanical efficiency of a single-acting power pump with-
out internal gears is typically 90 to 92%. Over half of the mechanical losses are due to the
frictional drag of the plungers through the packing. The remaining losses are from the
bearings, the crosshead-to-crosshead guide friction, and the extension rod-to-gland seal
friction. If these components are properly lubricated, very few power-end design options
are available that will produce a measurable increase in mechanical efficiency. Decreas-
ing the diameter of the plungers and minimizing the number of packing rings will result
in a small efficiency increase.

FURTHER READING

American National Standard for Reciprocating Power Pumps for Nomenclature, Defini-
tions, Application and Operation, ANSI/HI 6.1-6.5-2000, Hydraulic Institute, Parsippany,
NJ. www.pumps/org

Positive Displacement Pumps—Reciprocating, API Standard 674. 2nd Edition, 1994, The
American Petroleum Institute, Washington, D.C. www.api.org

Henshaw, T. L. Reciprocating Pumps. Van Norstrand Reinhold Company, Inc., New
York, 1987.

Miller, J. E. The Reciprocating Pump—Theory, Design and Use. John Wiley & Sons, Inc.,
New York, 1987.
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SECTION 3.2

POWER PUMP DESIGN
AND GONSTRUGTION

WILLIAM K. CHAPLIS
FREDERIC W. BUSE

The power pump, as a piece of rotating equipment, would seem to have a great deal in com-
mon with a reciprocating gas compressor or diesel or gas engine. All have crankshafts,
bearings, connecting rods, and lubricating oil systems that use the pump frame as an oil
reservoir. All have a fluid or gas end that contains relatively high pressure and includes
some type of valving that enables the equipment to perform its required task.

Due to the unique operating characteristics of the power pump, very little design crite-
ria or construction details can be directly transferred from these other mechanisms.
Because of the high compressibility of most gases, the resulting eyclic loadings are applied
to the various rotating, reciprocating, and pressure-retaining components in a smoother
manner. Therefore, gas-driven or gas-pumping mechanisms can operate at speeds three or
four times higher than a reciprocating pump with good reliability and low vibration levels.

It has been said that a power pump has more in common with a jackhammer because
of the constant high-cycle shock loading that it must be designed to withstand. Therefore,
very conservative material selections, stress limits, and factors of safety have been estab-
lished by the pump designers for all continuous duty applications. Intermittent duty appli-
cations can be met using less stringent design criteria.

Seldom is a power pump designed for one specific application having one specific set of
operating conditions. Consequently, few pump designs are truly optimized. The best eco-
nomical approach has been to design a power end capable of accepting a number of fluid
ends, which in turn allows the pump to operate over a wide range of hydraulic conditions.
By using different plunger diameters for a specific operating pressure, the designer tries
to “load up” the power to its maximum continuous rod load rating while maintaining the
pump speed at a level just sufficient to provide the required flow rate.

A power pump has its cylinders operating in parallel with interconnecting suction
and discharge manifolds. Additional cylinders are sometimes added to a basic power-end
design in order to obtain higher flow rates. The most common examples of this approach
are the quintuplex pumps that have an 80% component interchangeability with triplex

3.21
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3.22 CHAPTER THREE

pumps. Triplex (three cylinder), quintuplex (five cylinder), septuplex (seven cylinder),
and nonoplex (nine cylinder) pumps have been designed that have over a 90% inter-
changeability of parts. Only the power frame and crankshaft are unique to a specific
pump size.

Factors of safety are used in power pump design and application, A connecting rod
assembly, for instance, normally has a safety factor in excess of a 3:1 ratio because if a con-
necting rod fails in operation, it normally destroys many other power-end parts. A nodu-
lar iron frame will have a high safety factor also, primarily due to the requirement for
thick wall sections to mount interfacing parts and to reduce operating noise levels. Some
fluid-end expandable parts in the stuffing box and valves have safety factors below a 1.5:1
ratio because these parts are normally replaced before they would fail due to fatigue.

There has been a trend in past years in most industries to purchase power pumps that
operate at higher and higher speeds. This has been driven by the economics of buying
smaller, higher speed equipment versus the older, large, slower speed pumps. This trend
seems to be loosing some momentum, especially in critical applications. It remains for the
pump purchaser and pump supplier to jointly evaluate each application and try to arrive
at a pump selection that will provide the most reliable performance for the lowest installed
cost and operating cost.

LIQUID END

The liquid end consists of the cylinder, the plunger or piston, the valves, the stuffing box,
the manifolds, and the access covers. Figure 1 shows the liquid end of a horizontal pump,
and Figure 2 shows the same for a vertical pump.

Cylinder (Working Barrel) The cylinder is the body where the pump pressure to over-
come discharge pressure is developed. It is continuously under fatigue. Cylinders on many
horizontal pumps have suction and discharge manifolds integral with the cylinder. Verti-
cal pumps have separate manifolds.

A cylinder containing the passages for more than one plunger is referred to as a single
cylinder. When the cylinder is used for one plunger, it is called an individual cylinder. Indi-
vidual cylinders are used where developed stresses or replacement costs are high.

Cast cylinders are usually limited to the developed pressures listed in Table 1. Forged
cylinders are made from 1020 and 4140 carbon steel; 304L, 316L, 17-4 PH, and 15-5 PH
stainless steels; and nickel aluminum bronze. In recent years, duplex stainless steels have
seen an increase in usage when higher strength and corrosion resistance is required.

VALVE

FIGURE 1 A liquid-end horizontal pump (Flowserve Corporation)
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FIGURE 2 A liquid-end vertical pump (Flowserve Corporation}

Forged cylinders have a 4:1 to 6:1 forging reduction on all sides of the cylinder to obtain
a homogeneous internal structure. This type of cylinder requires heat treatment after forg-
ing to eliminate the stresses that occur during the forming operation. The pump designer
must minimize the section thickness of the cylinder or residual stresses may remain after
machining the internal bores.

The highest stresses occur at the intersection of the horizontal and vertical internal
bores. Unlike a simple cylinder where the internal stresses are analyzed as a single hoop
stress, the stress at the intersecting bores of a power pump cylinder are based on a double
hoop stress. In Figures 3 and 4, the distances b and d are the internal diameters, a and ¢
are the diameters to the nearest obstruction of the solid material of the cylinder, P is the
developed pressure, and S is the resulting stress. Stress concentration factors at the inter-
secting bores can be omitted if the radius is not less than 0.25 in (1.5 mm). Above 3000 lb/in?
(207 bar), the internal bores should have a surface finish of 63 rms minimum.

During each plunger cycle, the developed pressure goes from suction pressure to dis-
charge pressure and back to suction. For a pump operating at 360 strokes per minute, over
six million fatigue cycles will occur in less than 12 days. For this reason, very conservative
allowable stress limits are used. Normally, these limits range from 10,000 to 25,000 1b/in?
(69 to 172 Mpa), depending on the material of the cylinder, duty cycle, and liquid being

TABLE 1 Maximum pressure in cast cylinders

Material 1b/in? (bar)
Cast iron 2000 (137)
Aluminum bronze 2500 to 3000 (172 to 207)
Steel 3000 (207)
Ductile iron 3000 (207)
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pumped. The allowable stress is a function of the fatigue stress of the material for the lig-
uid being pumped and the life cycles required.

Due to improper suction system design, misapplications, or process upsets, instanta-
neous pressure in the cylinder may be much higher than design pressure. When the lig-
uid contains entrained gas that can be released because of inadequate suction pressure,
the resulting cavitation can cause instantaneous pressure four to five times the design
pressure. This results in reducing the life of the cylinder and other liquid-end components,
as well as damaging pressure pulsations in the suction and discharge piping systems.

For continuous duty pumps operating above 10,000 lb/in? (690 bar) of discharge pres-
sure, special liquid-end designs have been developed. In Figure 5, the intersecting bores
have been eliminated by arranging the suction and discharge valves on the same axis as
the plunger. This means the stresses in the cylinder will be only half of those in a compa-
rable T-block design.

Plungers The plunger transmits the force that develops the pressure. It is normally a
solid construction of up to 5 in (127 mm) in diameter. Above that dimension, it may be
made hollow to reduce its weight. Small-diameter plungers used for 6000 psi (414 bar) and
above should be reviewed for possible buckling. Plunger speeds range from 150 to 350 fpm
(46 to 107 m/s). The surface finish normally is between 14 and 20 rms. A finish below 8 rms
should be avoided because excessive packing leakage may occur due to the inability of the
packing to seal properly on the smooth surface.

Although some plungers are made of heat-treated or case-hardened steel, the most
common are the hard-coated or solid ceramic. The hard coatings are normally flame
sprayed powders of Colmonoy or tungsten carbide, or ceramic oxides. These can be applied
over base materials of 1020 carbon steel or 316L stainless steel. Ceramic oxide is normally
limited to 200°F (93°C) and is used for soft water, crude oil, mild acids, and mild alkalis.

The porosity and bond strength of coatings must be carefully evaluated for use with
higher operating pressures. Under those conditions, the liquid may penetrate the pores of
the coating and lift the coating off the base material, Ceramic plungers also have special
requirements and limitations. This type of plunger is often constructed as a solid bar,
closed-end tube of ceramic, bonded to a metal end cap or plug. A vent must be provided to
allow the pressure inside the plunger to equal the atmospheric pressure or the ceramic-
to-metal bond may fail or the plunger may explode. In addition to the normally fragile
nature of any ceramic plunger, the solid ceramic plunger is susceptible to failure due to
thermal shock.

Pistons Pistons are used for water pressures up to 2000 1b/in? (138 bar). For higher pres-
sures, a plunger is usually used. Pistons are cast iron, bronze, or steel with reinforced elas-
tomer sealing rings (see Figure 6). They are most frequently used in duplex, double-acting
pumps. The latest trend is to use pistons in single-acting triplex pumps.
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3.2 POWER PUMP DESIGN AND CONSTRUCTION 3.25

FIGURE § Special high-pressure liquid-end designs arrange the suction and discharge valves on the seme axis
as the plunger, thus eliminating intersecting bores (Flowserve Corporation},

Stuffing Box The stuffing box assembly consists of a stuffing box, upper and lower bush-
ings, packing, and a gland. For ease of maintenance, the stuffing box assembly is usually
removable (see Figure 7).

The stuffing box bore is machined to a 63 rms finish to ensure packing sealing and life.
A single hoop stress equation is used to determine the wall thickness with an allowable
stress limit of 10,000 to 20,000 lb/in® (69 to 138 MPa).

The bushings that guide the plunger have a 63 rms finish with approximately 0.001 to
0.002 in (0.02 to 0.05 mm) of diametrical clearance per inch of the plunger diameter. The
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FIGURE 7 A stuffing box (Flowserve Corporation}
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lower bushing is sometimes secured in an axial position to prevent movement of the pack-
ing. Bushings are made of bearing bronze, Ni-resist, or cast iron. Stainless steel can be
used if its antigalling properties with the plunger coating can be verified.

Packing is either square cross-section, woven construction, or molded V or chevron-
shaped (see Figure 8). Some types use metal backup adapters. A packing set consists of top
and bottom adapters and one or more packing sealing rings. A stuffing box can use two to
five rings of packing, depending on the pressure and the fluid being pumped. Packing rings
are usually made up of a number of composite materials selected for their strength, wear
resistance, and lubricity, including neoprene, Teflon, cotton duct, and Kevlar.

Packing can be made self-adjusting by installing a spring between the bottom of the
packing set and the lower bushing or bottom of the stuffing box. This arrangement elimi-
nates overtightening the packing and enables a more uniform break-in. Packing can be
lubricated through a grease fitting or by an auxiliary lubricator driven through a take-off
on the crankshaft.

For chemical or slurry service, a lower injection ring is used for flushing. This prevents
concentrated pumped fluid from impinging directly on the packing. This injection can be
continuous or synchronized to inject only on the suction stroke. Flush glands at the out-
board end of the stuffing box are employed when a toxic vapor is present or when the leak-
age may flash.

The stuffing box for the piston rod of a double-acting pump is similar in construction
to that of a stuffing box for a plunger. The primary difference is that it must seal against
pressure being developed while the rod moves back through the packing. Single-acting pis-
tons do not employ a stuffing box. Leakage past the piston-sealing rings goes into the
frame extension to mix with the continuously circulating lubricant.

Cylinder Liner The cylinder wear liner (refer to Figure 6 and see Figure 9) is usually
of Ni-resist material. Its length is slightly longer than the stroke of the pump to enable
an assembly entrance taper of the piston into the liner. In double-acting pumps, the liner
has packing to prevent leakage from the high-pressure side to the low pressure side of the

SINGLE-AZTING PISTON

TOP ADAPTOR
SEAL RING
B8OTTOM ADAPTOR

ONE UNIT “SSTUFFING BOX LINER

FIGURE 8 Chevron packing (Flowserve FIGURE 8 Single-acting piston stuffing box
Corporation) (Flowserve Corporation)
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3.2 POWER PUMP DESIGN AND CONSTRUCTION 3.27

cylinder. Because of the brittleness of the liner, the construction should be such that the
liner is not compressed. The finish of the bore of the liner is approximately 16 rms.

Valves Many types of valve designs exist. Which type is used depends on the applica-
tion. The main parts of a valve assembly are the seat and sealing member, usually a disc,
ball, or plate. The plate movement is controlled by a spring or retainer. The seat usually
uses a taper where it fits into the cylinder or manifold. The taper not only gives a posi-
tive fit but permits easy replacement of the seat.

Some pumps use the same size suction and discharge valve for interchangeability
(refer to Figure 2). Some use larger suction valves than discharge valves for improved
NPSH reasons. Others use larger discharge valves than suction valves because the eylin-
der configuration requires the suction valve to be removed through the location of the dis-
charge valve (refer to Figure 1). Because of space considerations, valves are sometimes
used in clusters on each side of the plunger to obtain the required total valve area that
reduces valve velocity.

Table 2 shows seat and plate hardness for some valve materials. Seats and plates made
of 316 stainless steel material are usually chrome-plated or flame-sprayed to give them
the desired surface hardness.

The flow area of the valve must be large enough to prevent significant pressure drop
or restriction to flow. Normally, suction valves are sized for 6 to 8 ft/s velocity, and the dis-
charge valves and sized for 8 to 12 ft/s.

The valve springs must be made of corrosion-resistant material and designed to with-
stand high-cycle fatigue stresses. Under no situation should the valve operation enable the
spring to go to a solid stack height or wire-to-wire condition. The ends of the spring must
be ground flat and square with a maximum perpendicularity of 3 degrees.

Manifolds These are the chambers where the liquid is disbursed or collected for distri-
bution before or after passing through the cylinder. In horizontal pumps and some verti-
cal pumps, the manifolds are cast or machined integral with the fluid cylinder. Most
vertical pumps have the suction and discharge manifolds separate from the cylinder (refer
to Figure 2).

Suction manifolds are designed to eliminate air pockets from the flange to the valve
entrance (see Figure 10). Separate suction manifolds are cast iron, cast bronze, or fabri-
cated steel. Discharge manifolds are steel forgings or fabricated steel. The manifolds have
a minimum deflection to prevent gasket shifts when subjected to maximum operating
pressures.

The velocity through the manifolds of a clean liquid is 3 to 5 ft/s (0.9 to 1.5 m/s) at the
suction and 6 to 16 ft/s (1.8 to 4.9 m/s) at the discharge. Suction and discharge manifold
velocities in a slurry service are 6 to 10 ft/s (1.8 to 3 m/s). Slurry services have a minimum
velocity of 6 ft/s (1.8 m/s) to prevent the heavier slurry particles from falling out of solution.

In USCS units, V (ft/s) = pump gpm X 0.321/cross-sectional area of the manifold, in?

In SI units, V (m/s) = pump m*/h x 277.8/cross-sectional area of the manifold, mm?

TABLE2 Recommended material
hardness for valve plate and seat

Material Plate Seat
Rockwell C hardness
329 30 to 35 38 to 43
440 44 to 48 52 to 56
17-4 PH 35 to 40 40to 45
15-5 PH 35 to 40 40 to 45
Brinell hardness
316 150 to 180 150 to 180
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g DISCHARGE
MANIFOLD

% TOP OF MANIFOLD
AND TOP OF
FLANGE HOLE
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~_f

MANIFOLD
INTEGRAL

FIGURE 10 A suction manifold construction to FIGURE 11 An integral suction and discharge
eliminate air pockets (Flowserve Corperation) manifold (Gardner-Denver}

A water hammer creates an additional pressure (which is added to the rated pump
pressure), as does hydraulic shock loading. The discharge manifold rating is then made
equal to or greater than the sum of these pressures.

Valve Covers Valve covers are used to provide accessibility to the valves without dis-
turbing the cylinder, manifold, or related piping (see Figures 11 and 12).

Plunger Covers and/or Cylinder Heads These are used on horizontal pumps to pro-

vide accessibility to the plunger, piston, and cylinder liner (refer to Figures 11 and 12 and
see Figure 13).

POWER END

The power end contains the crankshaft, connecting rods, crossheads, pony rod, bearings,
and frame (see Figures 14 and 15). Basic designs are horizontal and vertical with sleeve
or antifriction bearings. Some have integral drive gears.

Frame The frame absorbs the plunger load and torque. Vertical pumps with outboard
packed stuffing boxes (refer to Figure 2) have the frame in compression (refer to Figure 14).
With horizontal single-acting pumps, the frame is in tension (refer to Figure 15). Frames
are usually close-grain cast iron with relatively thick cross-sections. This combination pro-
vides superior dampening for the normal low-frequency cyclic loading. Some intermittent
duty pumps, specifically designed for mobile services, are constructed of lighter weight,
fabricated steel plate.

The frame is usually vented to the atmosphere. However, when the atmosphere is
detrimental to the working parts of the frame, such as an ammonia attack on bronze bear-
ings, the frame can be purged continuously with nitrogen gas.

Crankshaft The crankshaft (see Figures 16, 17, and 18) varies in construction, depend-
ing on the design and power output of the pump. In horizontal pumps, the crankshafts
are usually of nodular iron or cast steel. Vertical pumps use forged steel or machined bil-
let crankshafts. Because the crankshafts have a low mass and operate at relatively low
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VALVE
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[ ] maniFoL0

LINER
CYLINDER
O\ sucrion HEAD
MANIFOLD
{SEPARATE)
FIGURE 12 Separate suction with an integral FIGURE 13 A plunger cover (FWD)

discharge menifold (Gardner-Denver)

speeds, counterweights and flywheels are not used. Except for duplex pumps, the crank-
shaft always has an odd number of throws to obtain the best flow pulsation characteris-
tics. The firing order in a revolution depends on the number of throws on the crankshaft
(see Table 3).

The crankshaft main and rod-bearing surfaces are ground to a 16 rms surface finish or
better. Large radii are used where journal diameters intersect with the adjacent cheeks to

l LOAD ON FRAME

LOAD ON
CONNECTING ROD
CROSS waY
WRIST PIN
CROSSHEZD

CONNECTING ROD

FIGURE 14 A vertical pump power end {Flowserve Corporation)
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LOAD ON FRAME —=
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FIGURE 15 A horizontal pump power end (Flowserve Corporation)
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FIGURE 18 A cast crankshaft with integral gear (Continental-EMSCO}
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3.2 POWER PUMP DESIGN AND CONSTRUCTION 3.31

TABLE 3 Order of Pressure Build-up or Firing Order

No. of Pressure build-up order
Throw from  plungers

pulleyend orpistons 1 2 3 4 5 6 7 8 9
Duplex 2 1 2

Triplex 3 1 3 2

Quintaplex 5 1 8 5 2 4

Septuplex 7 1 4 7 38 6 2 5
Nonuplex 9 1 5 9 4 8 3 7 2 6

minimize stress concentrations in these fatigue-prone areas. Cross-drilling of the main to
rod journals is often provided to furnish lubrication to the crankpin bearings.

Many horizontal pumps under 250 hp (186 kW) are driven by means of a sheave or pul-
ley and belt arrangement. Increasing the diameter of the pulley for a given horsepower
will increase the stress in the crankshaft. The maximum allowable crankshaft stress will
often limit the maximum diameter of the pulley that can be used. Stress levels of 2000 to
3000 1b/in? (14 to 20.7 MPa) are common, where d is the pulley end diameter of the crank-
shaft in inches (mm) and 7 is the pump speed in revolutions per minute.

Connecting Rods and Eccentric Straps The connecting rods (see Figure 19) trans-
fer the rotating force of the crank pin to an oscillating force on the wrist pin. Most con-
necting rods are split perpendicular to their centerline at the crankpin end for ease of
assembly onto the crankshaft.

The cap and rod are aligned with close-tolerance bushings or body-bound bolts. The
rods either are rifle-drilled or have cast passages to transfer oil from the wrist pin to the
crank pin. A connecting rod with a tension load is made of forged steel, cast steel, or fab-
ricated steel. Rods with a compressive loading are cast steel, nodular iron, or aluminum
alloy. The connecting rod finish, where the bearings are mounted, is 32 to 63 rms.

The ratio of the distance between the centerlines of the wrist pin and crank pin bear-
ings to half the length of the stroke is referred to as the L/R. The ratio directly affects the
pressure pulsations, volumetric efficiency, size of the pulsation dampener, speed of liquid
separation, acceleration head, moments of inertia forces, and size of the frame. Low /R
results in higher fluid pulsations. A high L/R reduces pulsations but may result in a large
and uneconomical power frame. The common industrial L/R range is 4:1 to 6:1.

The eccentric strap (see Figure 20) performs the same function as a connecting rod,
except that the former usually is not split. The eccentric strap is furnished with rolling ele-
ment bearings, whereas connecting rods are furnished with sleeve bearings. Eccentric
straps are applied to mud pumps and some slurry pumps, which are started against a full
load without requiring a bypass line.

Wrist Pin Located in the crosshead, the wrist pin transforms the oscillating motion of
the connecting rod to a reciprocating motion. The maximum stress in the wrist pin from
deflection should not exceed 10,000 1b/in? (69 MPa):

CAP CAST OIL PASSAGE
OIL PASSAGE

FIGURE 19 The connecting rod (Flowserve Corporation)
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3.32 CHAPTER THREE

FIGURE 20 An eccentric strap (Gardner-Denver) FIGURE 21 A crosshead (Gardner-Denver)
. PL X €

In USCS units, =

" un 8 x 0.098°

In ST units, s = 125

where PL = plunger load, 1b (N)
¢ =length under load, in (mm)
d = diameter of pin, in (mm)

Large pins are hollow to reduce the oscillating mass and assembly weight. Depending
on the design, pins can have a straight fit, taper fit, or loose fit in the crosshead. The pin
is case-hardened and has a surface finish of 16 rms or better. When needle or roller bear-
ings are used for the wrist pin bearing, the pin serves as the inner race.

Crosshead The crosshead (see Figure 21) moves in a reciprocating motion and trans-
fers the plunger load to the wrist pin. The crosshead is designed to absorb the side or
radial load from the plunger as the crosshead moves linearly on the crossway. The side
load is approximately 25% of the plunger load. For cast-iron crossheads, the allowable
bearing load is 80 to 125 Ib/in? (551 to 862 kPa). Crossheads are grooved for oil lubrica-
tion and have a 63 rms surface finish. Crossheads are piston types (full round) or partial-
contact types. The piston type should be open or vented to prevent air compression at the
end of the stroke.

In vertical pumps, the pull rods, or side rods, go through the crosshead so that the
crosshead is under compression when the plunger load is applied (refer to Figure 14).

Crosshead Guides (Crossways) The crossway (see Figure 22) is the surface on which
the crosshead reciprocates. In horizontal pumps, it is cast integral with the frame (refer
to Figure 15). In large frames, it is usually replaceable and is shimmed to effect proper
running clearances (refer to Figures 14 and 22). The crossway finish is 63 rms.

Pony Rod (intermediate Rod or Extension Rod) The pony rod is an extension of the
crosshead on horizontal pumps (refer to Figures 21 and 22). It is screwed or bolted to the

FIGURE 22 Crossways (Gardner-Denver)
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3.2 POWER PUMP DESIGN AND CONSTRUCTION 3.33

crosshead and extends through the frame (refer to Figure 15). A seal on the frame and
against the pony rod prevents oil from leaking out of the frame. A baffle is attached to the
plunger end of the pony rod to prevent stuffing box leakage from entering the frame.

Pull Rod (Side Rod) In vertical pumps, two pull rods are connected to the crosshead.
The rods are secured by a shoulder and nut so that the cast iron is in compression when
the plunger load (rod load) is applied. The rods extend out through the top of the frame
and fasten to a yoke (upper crosshead). The plunger is attached to the middle of the yoke
with an aligning feature for the plunger (refer to Figure 2). The nuts fastening the pull
rod to the yoke and crosshead must be torqued to a high enough level to prevent the bolted
joint from seeing cyclic loading.

Bearings Both sleeve and rolling element bearings are used in power pumps. Some
power ends use all sleeve, others use all rolling element, and others use a combination
of both.

SLEEVE BEARINGS

When properly installed and lubricated, sleeve bearings are considered to have an infinite
life. They are inexpensive and can usually be replaced without special tools and with min-
imum pump disassembly. The sleeve bearing is designed to operate within a certain speed
range, and too high or too low a speed will upset the oil film lubrication. With standard
sleeve-bearing designs, pumps cannot be operated at speeds below 20 rpm with the
plunger fully loaded using standard lubrication. Below this speed, the oil film in the wrist
pin bearing starts to break down and the increased friction causes excessive heat and
leads to bearing failures. Recent developments of improved bearing materials, along with
special grooving and other aids to lubrication, now allow for fully loaded pump operations
at speeds as low as 10 rpm. The finish on the sleeve bearing is 16 rms. Clearances are
approximately 0.001 in per in (0.001 mm per mm) of the diameter of the bearing.

Wrist Pin Bearings These bearings are normally the highest loaded bearings in the
pump. They can only perform an oscillating motion and therefore cannot develop the
dynamic oil film common to fully rotational bearings. In single-acting pumps with low suc-
tion pressure, adequate reversals in loading take place on the bearing to permit replen-
ishment of the oil film. High suction pressure in a horizontal pump increases the reverse
loading. In vertical pumps, high suction pressure can produce a condition of no reverse
loading, and in this case, special bearing materials, grooving, and pump derating may be
required. Increasing oil pressure by itself will not solve this problem. Allowable projected
area loading is 1200 to 1500 lb/in? (8.27 to 10.3 MPa) with bearing bronze.

Crank Pin Bearings The crank pin bearing is a rotating split bearing and develops a
better oil film than the wrist pin bearing. It is clamped between the connecting rod and
cap. The bearing is a bronze-backed babbitt metal or a tri-metal automotive type bearing.
The allowable projected area load is 1200 to 1600 1b/in? (8.27 to 11.08 MPa).

Main Bearings The main bearings absorb the plunger load and gear load. The total
plunger load varies during each revolution of the crankshaft. The triplex main bearings
receive the greatest variations in loading because the crankshaft has the greatest rela-
tive span between bearings. Sleeve bearings are flanged to locate them in an axial posi-
tion, and the flange absorbs residual axial thrust. In long-stroke vertical pumps, a main
bearing can be found between every connecting rod. Split bearings are a bronze-backed
babbitt metal with an allowable loaded area of 750 1b/in® (5.1 MPa).
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ROLLING ELEMENT BEARINGS

A pump with rolling element bearings can be started under a full plunger load without a
bypass line. Rolling element bearings enable the pump to operate continuously at low
speeds with full plunger loads. They are selected for 30,000 to 50,000 hours of L, life.
Slurry pipeline applications may require 100,000 hours. Eccentric straps are used in place
of connecting rods.

Wrist Pin Bearings These are needle or roller bearings. The outer race is a tight fit
into the strap, and the wrist pin is used as the inner race. This reduces the size of the
bearing and strap. The wrist pin is held in the crosshead with a taper or keeper plate (see
Figure 23).

Main Bearing The main bearings used in conjunction with sleeve wrist pin bearings and
sleeve crank pin bearings are usually tapered roller bearings, as is the case with a hori-
zontal triplex plunger pump. The main bearings are usually mounted directly into the
frame (see Figure 24).

The main bearings used with full rolling element bearing designs are self-aligning
spherical roller bearings. These bearings compensate for axial and radial movements of
the crankshaft and are usually mounted in bearing holders, which in turn are mounted on
the frame (refer to Figure 23). This type of design is mostly used in mud pumps and in
some slurry pumps.

LUBRICATION

Non-detergent SAE 30 to 50 oil is used for bearing lubrication. In splash lubrication, the
cheeks of the crankshaft or oil scoops (refer to Figure 15) throw oil by centrifugal force
against the frame wall. This oil is then distributed by gravity to the crosshead, wrist pin,
and crank pin. At low speeds, there is not enough centrifugal force for proper oil distribu-
tion, so a partial force feed is then employed to maintain proper lubrication. Force-feed
lubrication requires 0.5 to 1 gpm (1.9 to 3.8 I/m) per bearing with an oil pressure of 28 to
40 1b/in? (1.7 to 2.8 bar).

APPLICATIONS

Power pumps are used in a variety of applications where high-pressure and low-flow
requirements exist. They are also widely used when a high-volumetric efficiency is

FIGURE 23 The main bearing mounted in & FIGURE 24 The main bearing mounted directly in
bearing holder (Gardner-Denver) the frame (Flowserve Corporation)
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3.2 POWER PUMP DESIGN AND CONSTRUCTION 3.35

required. For these applications, other types of pumps have design or operating deficien-
cies that make their lower initial cost or lower maintenance costs less attractive.
Some of the common applications for power pumps include the following:

Ammonia service Liquid petroleum gas

Carbamate service Liquid pipeline

Chemicals Power oil

Crude-oil pipeline Power press

Cryogenic service Salt-water injection for water flood
Fertilizer plants Slurry pipeline (up to 70% by weight)
High-pressure water cutting Slush ash service

Hydro forming Steel mill descaling

Hydrostatic testing Water blast service

The following applications may require power pumps with special modifications, and
the exact requirements should be reviewed in detail with the pump supplier:

Cryogenic service Low-speed operation
Highly compressible liquids Slurry pipeline

Liquids over 250°F (121°C) Special fluid-end materials
Liquids with entrained gas Viscosities over 500 SSU

Duty Service To make an economical pump selection, the type of full-load service that
you need should be considered. For instance, a small, lighter weight pump operating at
higher speeds may be suitable for an intermittent duty application such as hydrostatic
testing, The different types of duty services are as follows:

e Continuous: 8 to 24 hours per day

® Light: 3 to 8 hours per day

e Intermittent: Up to 3 hours per day

e Cyclic: 30 seconds loaded out of every 3 minutes

RELIEF VALVES

Relief valves should be rated for the full flow of the pump. The set pressure or cracking
pressure must be sufficiently above the operating pressure to prevent normal pressure
pulsations from activating the relief valve. The following values can be used as guidelines,
but the final selection should be made only in agreement with the pump supplier and sys-
tem designer:

e Duplex double-acting: 25%
® Triplex and above: 10%

Bypass Rellef Starting a power pump under a full load requires a high starting torque.
Also, a pump with sleeve-bearing construction when starting under a full load may not
have adequate bearing lubrication to reach the operating speed.

The starting torque on the driver and plunger load on the bearings may be reduced by
performing one of two steps:

o Install a bypass line from the discharge back to the source or to a drain (see Figure 25).
This line is located between the pump discharge and a check valve before the discharge
piping system. The bypass valve is operated manually or automatically. The bypass line
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B8YPASS RELIEF OISCHARGE
VALVE (MANUAL SYSTEM
OR AUTOMATIC) UNDER FULL

TO SUCTION TANK
OR SEWER SYSTEM

PRESSURE

FIGURE 25 A bypass relief system (Flowserve Corporation)

reduces the starting torque from the mechanical losses and the liquid inertia of the
suction and bypass systems. After the pump is up to speed, the bypass is closed and the
pump goes into normal operation.

Use suction valve unloaders. The unloader is a mechanism that mechanically holds the
suction valves off of their seats before and during startup, which stops the pumping
action. Only mechanical losses must be overcome. After the pump is up to speed, the suc-
tion valves are closed in unison. In large-flow pumps, an electronic distributor is used to
synchronize actuation of the suction valves with the plunger pressure build-up order (or
firing order).

PULSATION DAMPENERS

The performance of a power pump, or its interaction with the suction and discharge pip-
ing systems, can often be improved by adding suction and discharge dampeners. Damp-
eners are used to reduce suction and discharge pressure pulsations. A properly sized and
located suction dampener can reduce the system pulsations to an equivalent pipe length
of 5 to 15 pipe diameters. If the dampener is the flow-through type, it should be located on
the same side as the pipe, not at the dead end of the manifold.

The most commonly used dampeners are the gas-bladder types. These units are nor-
mally charged with nitrogen gas at 50 to 66% of the system pressure. Although these units
are relatively inexpensive, they can attenuate up to 30% of the pressure pulsations, below
50 Hz, in the interconnecting piping systems.
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SEGTION 3.3

STEAM PUMPS

ROBERT M. FREEBOROUGH

BASIC THEORY

A reciprocating positive displacement pump is one in which a plunger or piston displaces
a given volume of fluid for each stroke. The basic principle of a reciprocating pump is that
a solid will displace an equal volume of liquid. For example, when an ice cube is dropped
into a glass of water, the volume of water that spills out of the glass is equal to the sub-
merged volume of the ice cube.

In Figure 1, a cylindrical solid, a plunger, has displaced its volume from the large con-
tainer to the small container. The volume of the displaced fluid (B) is equal to the plunger
volume (A). The volume of the displaced fluid equals the product of the cross-sectional area
of the plunger and the depth of submergence.

All reciprocating pumps have a fluid-handling portion, commonly called the liguid end,
that has

1. A displacing solid called a plunger or piston

2. A container to hold the liquid, called the liguid cylinder

3. A suction check valve to admit fluid from the suction pipe into the liquid cylinder

4. A discharge check valve to admit flow from the liquid cylinder into the discharge pipe

5. Packing to seal the joint between the plunger and the liquid cylinder tightly to prevent
liquid from leaking out of the cylinder and air from leaking into the cylinder

These basic components are identified on the rudimentary liquid cylinder illustrated in
Figure 2. To pump the liquid through the liquid end, the plunger must be moved. When the
plunger is moved out of the liquid cylinder as shown in Figure 2, the pressure of the fluid
in the cylinder is reduced. When the pressure becomes less than that in the suction pipe,
the suction check valve opens and liquid flows into the cylinder to fill the volume being

3.37
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FIGURE 1 The volume of liquid displaced by a solid equals the volume of the solid

vacated by withdrawal of the plunger. During this phase of operation, the discharge check
valve is held closed by the higher pressure in the discharged pipe. This portion of the
pumping action of a reciprocating positive displacement pump is called the suction stroke.

The withdrawal movement must be stopped before the end of the plunger gets to the
packing. The plunger movement is then reversed, and the discharge stroke portion of the
pumping action is started, as illustrated in Figure 3.

Movement of the plunger into the cylinder causes an increase in pressure of the lig-
uid contained therein. This pressure immediately becomes higher than suction pipe
pressure and causes the suction valve to close. With further plunger movement, the liquid
pressure continues to rise. When the liquid pressure in the cylinder reaches that in the
discharge pipe, the discharge check valve is forced open and liquid flows into the dis-
charge pipe. The volume forced into the discharge pipe is equal to the plunger displace-
ment less very small losses. The plunger displacement is the product of its cross-sectional
area and the length of stroke. The plunger must be stopped before it hits the bottom of
the cylinder. The motion is then reversed, and the plunger again goes on suction stroke
as previously described.

The pumping cycle just described is that of a single-acting reciprocating pump. It is
called single-acting because it makes only one suction stroke and only one discharge
stroke in one reciprocating cycle.

Many reciprocating pumps are double-acting; that is, they make two suction and two
discharge strokes for one complete reciprocating cycle (Figure 4). Most double-acting
pumps use as the displacing solid a piston that is sealed to a bore in the liquid cylinder or
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FIGURE 2 Schematic of the liquid end of reciprocating pump during the suction stroke
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FIGURE 8 Schematic of the liquid end of a reciprocating pump during the discharge stroke

to a liquid cylinder liner by pistons with packing. It has two suction and two discharge
valves, one of each on each side of the piston. The piston is moved by a piston rod. The pis-
ton rod packing prevents liquid from leaking out of the cylinder. When the piston rod and
piston are moved in the direction shown, the right side of the piston is on a discharge
stroke and the left side of the piston is simultaneously on a suction stroke. The piston pack-
ing must seal tightly to the cylinder liner to prevent leakage of liquid from the high-
pressure right side to the low-pressure left side.

The piston must be stopped before it hits the right side of the cylinder. The motion of
the piston is then reversed so the left side of the piston begins its discharge stroke and the
right side begins its suction stroke.

A reciprocating pump is not complete with a liquid end only; it must also have a dri-
ving mechanism to provide motion and force to the plunger or piston. The two most com-
mon driving mechanisms are a reciprocating steam engine and a crank-and-throw device.
Those pumps using the steam engine are called direct-acting steam pumps. Those pumps
using the crank-and-throw device are called power pumps. Power pumps must be con-
nected to an external rotating driving force, such as an electric motor, steam turbine, or
internal combustion engine.
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FIGURE 4 Schematic of a double-acting liquid end
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3.40 CHAPTER THREE

FIGURE 5 Duplex steam pump (Flowserve Corporation)

DIRECT-ACTING STEAM PUMPS

Direct-acting steam pumps are mainly classified by the number of working combinations
of cylinders. For example, a duplex pump (Figure 5) has two steam and two liquid cylin-
ders mounted side by side, and a simplex pump (Figure 6) has one steam and one liquid
cylinder.

Additionally, simplex and duplex pumps may be further defined by (1) cylinder
arrangement, whether horizontal or vertical; (2) number of steam expansions in the power
end; (3) liquid end arrangement, whether piston or plunger; and (4) valve arrangement,
that is, cap and valve plate, side pot, turret type, and so on.

Although this section will refer to steam as the driving medium, compressed gases
such as air or natural gas can be used to drive a steam pump. These gases should have oil
or mist added to them prior to entering the pump to prevent wear of the steam end parts.

STEAM END CONSTRUCTION AND OPERATION

The driving mechanism, or steam end, of a direct-acting steam pump includes the follow-
ing components, as illustrated in Figure 7:

FIGURE 8 Simplex steam pump (Flowserve Corporation)
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3.42 CHAPTER THREE

1. One or more steam cylinders with suitable steam inlet and exhaust connections
2. Steam piston with rings

3. Steam piston rods directly connected to liquid piston rods

4, Steam valves that direct steam into and exhaust steam from the steam cylinder

5. A steam valve actuating mechanism that moves the steam valve in proper sequence
to produce reciprocating motion

The operation of a steam pump is quite simple. The motion of the piston is obtained by
admitting steam of sufficient pressure to one side of the steam piston while simultane-
ously exhausting steam from the other side of the piston. There is very little expansion of
the steam because it is admitted at a constant rate throughout the stroke. The moving
parts, that is, the steam piston, the liquid piston, and the piston rod or rods, are cushioned
and brought to rest by exhaust steam trapped in the end of the steam cylinder at the end
of each stroke. After a brief pause at the end of the stroke, steam is admitted to the oppo-
site side of the piston and the pump strokes in the opposite direction.

Steam Valves Because the steam valve and its actuating mechanism control the recip-
rocating motion, any detailed description of the construction of the direct-acting steam pump
should rightfully begin with a discussion of steam valve types, operation, and construction.

Duplex Steam Valves The steam valves in a duplex steam pump are less complicated
than those in a simplex pump and will be described first. As previously stated, the duplex
steam pump can be considered as two simplex pumps arranged side by side and combined
to operate as a single unit. The piston rod of one pump, in making its stroke, actuates the
steam valve and thereby controls the admission or exhaust of steam in the second pump.
A valve gear cross stand assembly is shown in Figure 8. The wishbone-shaped piston rod
lever of one side is connected by a shaft to the valve rod crank of the opposite side. The
steam valve is connected to the valve rod crank by the steam valve rod and steam valve
link. Through this assembly, the piston rod of one side moves the steam valve of the oppo-
site side in the same direction. When the first pump has completed its stroke, it must
pause until its own steam valve is actuated by the movement of the second pump before
it can make its return stroke. Because one or the other steam cylinder port is always open,
there is no “dead center” condition; hence, the pump is always ready to start when steam

FIGURE 8 Steam valve actuating mechanism or a duplex pump (Flowserve Corporation)
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FIGURE 9A through C Duplex pump steam valve lost-moticn arrangements

is admitted to the steam chest. The movements of both pistons are synchronized to pro-
duce a well-regulated flow of liquid free of excessive pulsations and interruptions.

Flat Slide Steam Valves Steam enters the pump from the steam pipe into the steam
chest on top of the steam cylinder. Exhaust steam leaves the pump through the center
port of five ports, as shown in Figure 9. Most duplex pumps use a flat slide valve that is
held against its seat by steam pressure acting upon its entire top area; this is called an
unbalanced valve. The flat or D valve, as it is often called, is satisfactory for steam pres-
sures up to approximately 250 lb/in? (17 bar”) and has a reasonable service life, particu-
larly where steam end lubrication is permissible. On large pumps, the force required to
move an unbalanced valve is considerable, and so a balanced piston valve, which will be
discussed later, is used.

The slide valve shown in Figure 9 is positioned on dead center over the five valve ports.
A movement of the valve to the right uncovers the left-side steam port and the right-side
exhaust port, which is connected through the slide valve to the center exhaust port. The
main steam piston will be moved from left to right by the admitted steam. Movement of
the slide valve from dead center to the left would, of course, cause opposite movement of
the steam piston.

The steam valves of a duplex pump are mechanically operated, and their movements
are dependent upon the motion of the piston rod and the linkage of the valve gear. In order
to ensure that one piston will always be in motion when the other piston is reversing at the
end of its stroke, lost motion is introduced into the valve gear. Lost motion is a means by
which the piston can move during a portion of its stroke without moving the steam valve.
Several lost motion arrangements are shown in Figure 9.

“1bar = 10° Pa.

GD ENERGY PRODUCTS LLC

Petitioner
EX1010

Page 43 of 153



3.44 CHAPTER THREE

If the steam valves are out of adjustment, the pump will have a tendency not to oper-
ate through its designed stroke. Increasing the lost motion lengthens the stroke; if this is
excessive, the piston will strike the cylinder head. Reducing the lost motion shortens the
stroke; if this is excessive, the pump will short-stroke, with a resulting loss in capacity.

The first step in adjusting the valves is to have both steam pistons in a central position
in the cylinder. To accomplish this, the piston is moved toward the steam end until the pis-
ton strikes the cylinder head. With the piston rod in this position, a mark is made on the
rod flush with the steam end stuffing box gland. Next, the piston rod is moved toward the
liquid end until the piston strikes, and then another mark is placed on the rod halfway
between the first mark and the steam end stuffing box gland. After this, the piston rod is
returned toward the steam end until the second mark is flush with the stuffing box gland.
The steam piston is now in central position. This procedure is repeated for the opposite pis-
ton rod assembly.

The next step is to see that both steam valves are in a central position with equal
amounts of lost motion on each side, indicated by distance X in Figure 9.

Most small steam pumps are fitted with a fixed amount of lost motion, as shown in Fig-
ure 9a. With the slide valve centered over the valve ports, a properly adjusted pump will
have the tappet exactly centered in the space between the valve lugs. The lost motion (X)
on each side of the tappet will be equal.

Larger pumps are fitted with adjustable lost motions, such as are shown in Figure 9b.
The amount of lost motion (X) can be changed by moving the locknuts. Manufacturers pro-
vide specific instructions for setting proper lost motion. However, one rule of thumb is to
allow half the width of the steam port on each side for lost motion. A method to provide
equality of lost motion is to move the valve each way until it strikes the nut and then note
if both port openings are the same.

In some cases, it is desirable to be able to adjust the steam valves while the pump is in
motion, With the arrangements previously mentioned, this cannot be done because the
steam chest head must be removed. In a pump equipped with a lost-motion mechanism
such as that shown in Figure 9¢, all adjustments are external and can therefore be made
while the pump is in operation.

Balanced Piston Steam Valve Thebalanced piston steam valve (Figure 10) is used on
duplex steam pumps when the slide-type valve cannot be used because of size. The bal-
anced piston valve can also be used without lubrication at pressure above 250 Ib/in? (17
bar) and temperatures above 500°F (260°C). At higher pressures, wire drawing or steam
cutting can occur as the piston slowly crosses the steam ports. To prevent wear and per-
manent damage to the steam chest and piston, piston rings are used on the steam valve
and a steam chest liner is pressed into the steam chest to protect it.

Cushion Valves Steam cushion valves are usually furnished on larger pumps to act as
an added control to prevent the steam piston from striking the cylinder heads when the
pump operates at high speeds. As previously shown, the steam end has five ports, the out-
side ports are for steam admission, and the inside ports are for steam exhaust. As the
steam piston approaches the end of the cylinder, it covers the exhaust port, trapping a

24 23 16 18t 14 12 23 24 54 57 571 572 491 47 563

TL ZeR\

FIGURE 10 Balanced piston steam valve: {12) piston vaive, (181) steam chest, (23) valve rod stuffing box,
(24) valve rod stuffing box gland, (54) valve rod, complete, (57) valve rod head, (14) piston valve ring, (16) piston
valve lining, (47} lost-motion block tappet, (491} valve rod link, (563) valve rod collar (Flowserve Corporation)
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3.3 STEAM PUMPS 3.45

volume of steam in the end of the cylinder. This steam acts as a cushion and prevents the
piston from striking the cylinder head. The cushion valve is simply a bypass valve between
the steam and exhaust ports; by opening or closing this valve, the amount of cushion
steam can be controlled.

If the pump is running at low speed or working under heavy load, the cushion valve
should be opened as much as possible without allowing the piston to strike the cylinder
head. If the pump is running at high speed or working under light load, the cushion valve
should be closed. The amount of steam cushion and, consequently, the length of stroke can
be properly regulated for different operating conditions by the adjustment of this valve.

Simplex Steam Valves The simplex pump steam valve is steam-operated, not mechan-
ically operated as duplex steam valves are. The reason for this is that the piston rod
assembly must operate its own steam valve. Consequently the travel of the valve cannot
be controlled directly by means of the piston rod motion. Instead, the piston rod operates
a pilot valve by means of a linkage similar to that used with a duplex pump. This controls
the flow of steam to each end of the main valve, shuttling the steam back and forth. The
arrangement illustrated in Figure 11 is one of the designs available to produce this
motion.

With the pilot valve in the position shown in Figure 11, steam from the live steam
space flows through the pilot valve steam port into the steam space at the left-hand end
of the main valve (balanced piston type). Simultaneously, the D section of the pilot valve
connects the steam space at the right-hand end of the main valve with the exhaust port,
thereby releasing the trapped steam. The main valve has moved completely across to the
right end of the chest. The main valve in this position permits steam to flow from the chest
to the left steam cylinder port and, at the same time, connects the right steam cylinder
port with the exhaust port.

The steam piston now moves to the right, and after the lost motion is taken up in the
valve gear, the pilot valve moves to the left. In this position, the cycle previously described
now takes place at the opposite end of the steam chest. Because the main valve is steam-
operated, it can be in only two positions, either at the left-hand or at the right-hand end of
the chest. Hence, it is impossible to have it at dead center. In other words, steam can
always flow either to one side or to the other of the steam piston, regardless of the position
of the steam piston.

For the valve to operate smoothly and quietly, an arrangement must be provided to cre-
ate a cushioning effect on the valve travel. The steam piston, as it approaches the end of
its travel, cuts off the exhaust port and traps a certain amount of steam, which acts as a
cushion and stops the steam piston.

All valve adjustments are outside of the steam chest, and so it is possible to adjust the
valve while the pump is in operation. The effect of decreasing or increasing the lost motion
is the same as that described for duplex pumps. The lost-motion arrangement is the same
as that shown in Figure 9c.

Steam End Materials For most services, cast iron is an excellent material for the steam
cylinder and it is the major element of the steam end. It is readily cast in the complicated
shape required to provide the steam porting. It possesses good wearing qualities, largely
because of its free graphite content. This is required in the piston bores, which are con-
tinuously being rubbed by the piston rings. At high steam temperatures and pressures,
ductile iron or steel is used. In the latter case, however, cast iron steam cylinder liners are
frequently used because of their better wear resistance.

Counterbores are provided at each end of a steam cylinder so the leading piston ring
can override, for a part of its width, the end of the cylinder bore to prevent the wearing of
a shoulder on the bore.

The cylinder heads and steam pistons are also usually made of cast iron. The cylinder
head has a pocket cast in it to receive the piston rod nut at the end of the stroke. Most
steam pistons are made in one piece, usually with two piston ring slots machined into the
outside circumference,

The relatively wide piston rings are usually made from hammered iron. They are split
so they can be expanded to fit over the piston and snapped into the grooves in the piston.
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3.3 STEAM PUMPS 3.47

They must be compressed slightly to fit into the bores in the cylinder. This ensures a tight
seal with the cylinder bores even as the rings wear during operation. In services where
steam cylinder lubrication is not permissible, a combination two-piece ring of iron and
bronze is used to obtain longer life than is obtained with the hammered iron rings.

The piston and valve rods are generally made from steel, but stainless steel and Monel
are also commonly used. Packing for the rods is usually a braided graphited asbestos.

Drain cocks and valves are always provided to permit drainage of condensation, which
forms in the cylinder when a pump is stopped and cools down. On each start-up these
must be cracked open until all liquid is drained and only steam comes out; they are then
closed.

The steam end and liquid end are joined by a cradle. On most small pumps, the cradle
is cast integrally with the steam end. On large pumps, it is a separate casting or fabricated
weldment.

LIQUID END CONSTRUCTION

Steam pumps are equipped with many types of liquid ends, each being designed for a par-
ticular service condition. However, they can all be classified into two basic types, the pis-
ton, or inside-packed, type and the plunger, or outside-packed, type.

The piston pump (Figure 7) is generally used for low and moderate pressures. Because
the piston packing is located internally, the operator cannot see the leakage past it or
make adjustments that could make the difference between good operation and packing
failure. Generally, piston pumps can be used at higher pressures with noncorrosive liquids
having good lubricating properties, such as oil, than with corrosive liquids, such as water.

Plunger pumps, illustrated in Figure 12, are usually favored for high-pressure and
heavy-duty service. Plunger pumps have stuffing box packing and glands of the same type
as those on the piston rods of piston pumps. All packing leakage is external, where it is a
guide to adjustments that control the leakage and extend packing and plunger life. Dur-
ing operation, lubrication can be supplied to the external plunger packing to extend its life.
Lubrication cannot be supplied to the piston packing rings on a piston pump.

Piston-Type Liquid Ends The most generally used piston pump is the cap-and-valve
plate design, illustrated in Figure 7. This is usually built for low pressures and tempera-
tures, although some designs are used at up to 350 1b/in? (246 bar) of discharge pressure
and 350°F (177°C). The discharge valve units are mounted on a plate separate from the
cylinder and have a port leading to the discharge connection. A dome-shaped cap, subject
to discharge pressure, covers the discharge valve plate. The suction valve units are
mounted in the cylinder directly below their respective discharge valves. A passage in the
liquid cylinder leads from below the suction valves down between the cylinders of a duplex
pump to the suction connection.

FIGURE 12 Simplex-type plunger pump (Flowserve Corporation)

GD ENERGY PRODUCTS LLC

Petitioner
EX1010

Page 47 of 153



3.48 CHAPTER THREE

(h)

FIGURE 13A and B Side-pot piston pump (Flowserve Corporation)

Side-pot liquid ends are used where the operating pressures are beyond the limitations
of the cap-and-valve-plate pump. Figure 13 illustrates this design. Suction valves are
placed in individual pots on the side of the cylinders and discharge valves in the pots above
the cylinders, Each valve can be serviced individually by removing its cover. The small
area of the valve covers exposed to discharge pressure makes the sealing much simpler
than is the case in the cap-and-valve design. Side-pot liquid ends are widely used in refin-
ery and oil field applications. This design is commonly employed to the maximum pressure
practicable for a piston pump.

There are several specially designed piston-type liquid ends that have been developed
for specific applications. One of these is the close-clearance design illustrated in Figures 14
and 15. This pump can handle volatile liquids, such as propane or butane, or a liquid that
may contain entrained vapors.

The close-clearance cylinder is designed to minimize the dead space when the piston
is at each end of its stroke. The liquid valves are placed as close as possible to the pump
chamber to keep clearance to a minimum. The suction valves are positioned below the
cylinder at the highest points in the suction manifold to ensure that all the gases are
passed into the pump chamber. Although these pumps are of close-clearance design, they
are not compressors and can vapor-bind; that is, a large amount of gas trapped below the
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3.3 STEAM PUMPS 3.49

FIGURE 14 Close-clearance liquid end pump (Flowserve Corporation}

discharge valve will compress and absorb the entire displacement of the pump. When this
occurs, the discharge valve will not open and this will cause a loss of flow. Hand-operated
bypass or priming valves are provided to bypass the discharge valve and permit the
trapped gases to escape to the discharge manifold. When the pump is free of vapors, the
valves are closed.

FIGURE 15 End views of close-clearance liquid end pump, showing disk valve assembly and wing valve assembly
(Flowserve Corporation)
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FIGURE 16 A pump for handling viscous liquid {Flowserve Corporation)

There are a number of other special piston pump designs for certain services in addi-
tion to the most common types just described. One of these special designs is the wet vac-
uum pump, which features tight-sealing rubber valves that permit the pump to handle
liquid and air or non-condensable vapors, Another special design is made of hard, wear-
resistant materials to pump cement grout on construction projects. Another design, shown
in Figure 16, has no suction valves and is made for handling viscous products such as sug-
arcane pulp, soap, white lead, printer’s ink, and tar. The liquid flows into the cylinder from
above through a suction port that is cut off as the piston moves back and forth.

Piston Pump Liquid End Materials and Constructlon The materials used for piston
pump liquid ends vary widely with the liquids handled. Most of the services to which these
pumps are applied use one of the common material combinations listed in Table 1.

TABLE 1 Material and service specifications for pump liquid ends

Regular Bronze Fitted Fully Bronze All Iron All Bronze
Part Fitted (RF) (BF) Fitted (FBF) Fitted (AIF) (AB)
Cylinders  Cast iron Cast iron Cast iron Cast iron Bronze
Cylinder
liners Bronze Bronze Bronze Cast iron Bronze
Piston Cast iron Cast iron Bronze Cast iron Bronze
Piston
packing Fibrous Fibrous Fibrous Cast-iron, Fibrous
Stuffing Cast iron, Cast iron, Cast iron, 3.ring
box bronze bronze bronze
bushed bushed bushed Cast iron Bronze
Piston rod  Steel Bronze Bronze Steel Bronze
Valve Bronze Bronze Bronze Steel Bronze
service
Services Cold water; Same as for Boiler feed; Qils and Mild acids that
for other RF, with intermittent other would attack
which cold reduced hot-water;, hydrocarbons iron cylinders
most liquids maintenance; sodium not corrosive but not acid-
often not continuous chloride, to iron or resisting
used corrosive hot water brines steel; caustic bronze
to iron solutions
and
bronze
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3.3 STEAM PUMPS 3.51

The liquid cylinder, the largest liquid end component, is most frequently made from
cast iron or bronze. However, other materials are also used. Cast steel cylinders are used
in refineries and chemical plants for high-pressure and high-temperature applications.
Nickel cast steels are used for low-temperature services. Ni-Resist cast iron, chrome-alloy
steels, and stainless steels are occasionally used for certain corrosive and abrasive appli-
cations, but tend to make pump cost very high. The liquid cylinder heads and valve covers
are usually made from the same material as the liquid cylinder.

As was the case in the steam end, a liquid cylinder liner is used to prevent wear and
permanent damage to the liquid cylinder. Liners must be replaced periodically when worn
by the piston packing to the point that too much fluid leaks from one side of the piston to
the other. The liners may be either of a driven-in (or pressed-in) type or of a removable
type, which is bolted or clamped in position in the cylinder bore.

The pressed-in type (Figure 7) derives its entire support from the drive fit in the cylin-
der bore. As a rule, such a liner is relatively thin and is commonly made from a centrifu-
gal casting or a cold-drawn brass tube. After a driven liner is worn to the point where it
must be replaced, it is usually removed by chipping a narrow groove along its entire
length. This groove is cut as closely as possible through the liner without damaging the
wall of the cylinder bore. A flange on the liner fits into a recess at the beginning of the
cylinder bore. This flange is held in contact with a shoulder by jack bolts or a spacer
between the cylinder head and the end of the liner. Sometimes a packing ring is used
between the flange and shoulder for a positive seal. Removable liners are heavier than
pressed-in ones.

There are several designs of pistons and piston packings used for various applications.
The three most common are as follows:

1. The body-and-follower type of piston with soft fibrous packing or hard-formed
composition rings (Figure 17). The packing is installed in the packing space on the
piston with a clearance in both length and depth. This clearance permits fluid
pressure to act on one end and the inside of the packing to hold and seal it against
the other end of the packing space and the cylinder liner bore.

2. The solid piston or, as shown in Figure 18, a body and follower with rings of cast iron
or other materials. This type is commonly used in pumps handling oil or other hydro-
carbons. The metal rings are split with an angle or step-cut joint. Their natural tension
keeps them in contact with the cylinder liner, assisted by fluid pressure under the ring.
The cup piston (Figure 19), which consists of a body-and-follower type of piston with
molded cups of materials such as rubber reinforced with fabric. Fluid pressure on the
inside of the cup presses the lip out against the cylinder bore, forming a tight seal.

3

The piston rod stuffing boxes are usually made separate from, but of the same mater-
ial as, the liquid cylinder. When handling liquids with good lubrication properties, the
stuffing boxes are usually packed full with a soft, square, braided packing that is compat-
ible with the liquid. When the liquid has poor lubricating properties, a lantern ring is

FIBROUS PACKING OR SNAP RINGS

=

FIGURE 17 Body-and-follower piston FIGURE 18 Body-and-follower piston with snap
rings
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MOLDED CUPS

|

FIGURE 19 Body-and-follower piston with molded FIGURE 20 Stem-guided disk valve
cups

installed in the center of the stuffing box with packing rings on both sides of it. A drilled
hole is provided through which a lubricant, grease or oil, can be injected into the lantern
ring from the outside of the stuffing box. At higher temperatures, approximately 500°F
(260°C) or higher, a cooling water jacket is added to the outside of the stuffing box or as a
spacer between the stuffing box and the liquid cylinder. The purpose of the cooling water
jacket is to extend packing life by keeping the packing cool.

The liquid end valves of all direct-acting steam pumps are self-acting, in contrast to the
mechanically operated slide valves in the steam end. The liquid end valves act like check
valves; they are opened by the liquid passing through and are closed by a spring plus their
weight.

Liquid end valves are roughly divided into three types: the disk valve for general ser-
vice and thin liquids, the wing-guided valves for high pressures, and either the ball or the
semispherical valve for abrasive and viscous liquids.

The valve shown in Figure 20 is typical of the disk type. This stem-guided design is
commonly used in the cap-and-valve plate design. For hot-water boiler-feed and general
service, the disk, seat, and stem are usually made of bronze, although other alloys may
also be used. For lower temperatures and pressures, the disk may be made of rubber,
which has the advantage of always forming a tight seal with the valve seat.

The wing-guided valve shown in Figure 21 is typical of the design use for high pres-
sures. It derives its name from the wings on the bottom of the valve, which guide it in its
seat. The beveled seating surfaces on the valve and seat tend to form a tighter seal than
the flat seating surfaces on a disk valve. There is also less danger that a solid foreign par-
ticle in the liquid will be trapped between the seat and the valve. This type of valve is com-
monly made from a heat-treated chrome-alloy-steel forging, although a cast hard bronze
and other materials may be used.

The ball valve, as its name suggests, is a ball that acts like a check valve. It is usually
not spring-loaded, but guides and lift stops are provided as necessary to control its opera-
tion. The ball may be made of rubber, bronze, stainless steel, or other materials as service
conditions require. The semispherical valve (Figure 22) is spring-loaded and can therefore
be operated at higher speeds than the ball valve. Both the ball and the semispherical type
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FIGURE 21 Wing-guided valve FIGURE 22 Semispherical valve
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3.3 STEAM PUMPS 3.53

have the advantage of having no obstructions to flow in the valve seat (the disk valve seat
has ribs and the wing-guided valve has vanes which obstruct the flow). The one large open-
ing in the seat and the smooth spherical surface of ball and semispherical valves minimize
the resistance to flow of viscous liquids. These types are also used for liquids with sus-
pended solids because their rolling seating action prevents trapping of the solids between
the seat and valve.

Plunger-Type Liquld Ends As mentioned previously, plunger-type pumps are used
where dependability is of prime importance, even when the pump is operated continuously
for long periods and where the pressure is very high. Cast liquid end plunger pumps are
used for low and moderate pressures. Forged liquid end pumps (Figure 23), which are the
most common plunger types, are used for high pressures and have been built to handle
pressures in excess of 10,000 1b/in? (69 MPa).

Most of these designs have opposed plungers; that is, one plunger operating into the
inboard end of the liquid cylinder and one into the outboard end. The plungers are solidly
secured to inboard and outboard plunger crossheads. The inboard and outboard plunger
crossheads are joined by side rods positioned on each side of the cylinder. With this
arrangement, each plunger is single-acting; that is, it makes only one pressure stroke for
each complete reciprocating cycle. The pump, however, is double-acting because the
plungers are connected by the side rods.

PLUNGER PUMP LIQUID END MATERIALS The liquid cylinder of a forged liquid end plunger-
type pump is most commonly made from forged steel, although bronze, Monel, chrome
alloy, and stainless steels are also used. The stuffing boxes and valve chambers are usu-
ally integral with the cylinder (Figure 23), which is desirable for higher temperatures and
pressures because high-temperature joints are minimized.

The liquid plungers may be made of a number of materials. The plungers must be as
hard and smooth as possible to reduce friction and to resist wear by the plunger packing.
Hardened chrome-alloy steels and steel coated with hard-metal alloys or ceramics are
most commonly used.

The stuffing box packing used will vary widely depending upon service conditions. A
soft, square packing cut to size may be used. However, solid molded rings of square, V-lip,
or U-lip design are commonly used at higher pressures. Oil or grease is frequently injected
into a lantern ring in the center of the stuffing box to reduce friction and reduce packing
and plunger wear.

The liquid valves may be of any of the types or materials described above. However, the
wing-guided valve with beveled seating surfaces is the most common because it is most
suitable for high pressures.

DIRECT-ACTING STEAM PUMP PERFORMANCE

The direct-acting steam pump is a very flexible machine. It can operate at any point of pres-
sure and flow within the limitations of the particular design. The speed of, and therefore the
flow from, the pump can be controlled from stop to maximum by throttling the steam supply.
This can be done by either a manual or an automatically operated valve in the steam supply
line. The maximum speed of a particular design is primarily limited by the frequency with
which the liquid valves will open and close smoothly. The pump will operate against any pres-
sure imposed upon it by the system it is serving, from zero to its maximum pressure rating.
The maximum pressure rating of a particular design is determined by the strength of the lig-
uid end. In a particular application, the maximum liquid pressure developed may be limited
by the available steam pressure and by the ratio of the steam piston and liquid piston areas.

STEAM PUMP CAPACITY

The flow to the discharge system is termed the pump capacity. The capacity, usually
expressed in U.S. gallons per minute (cubic meters per minute), is somewhat less than the
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3.3 STEAM PUMPS 3.55

theoretical displacement of the pump. The difference between displacement and capacity
is called slip. The displacement is a function of the area of the liquid piston and the speed
at which the piston is moving.

The displacement of a single double-acting piston can be calculated from the formula

12 X AS
231

in SI units D=1x10"%x AS

in USCS units D= or 0.0408 d%S

where D = displacement, gpm (m*min)
A = area of piston or plunger, in? (mm?)
S = piston speed, ft/min (m/min)
d = diameter of the liquid piston or plunger, in (mm)

For a duplex double-acting pump, D is multiplied by 2. This formula neglects the area
of the piston rod. For very accurate calculations, it is necessary to deduct the rod area from
the piston area. This is normally not done, and the resultant loss is usually considered part
of the slip.

The slip also includes losses due to leakage from the stuffing boxes, leakage across the
piston on packed-piston pumps, and leakage back into the cylinder from the discharge
side while the discharge valves are closing. Slip for a given pump is determined by a test.
For a properly packed pump, slip is usually 3 to 5%. As a pump wears, slip will increase,
but this can be compensated for by increasing the pump speed to maintain the desired
capacity.

PISTON SPEED

Although piston speed in feet per minute (meters per minute) is the accepted term used to
express steam pump speed, it cannot easily be measured directly and is usually calculated
by measuring the revolutions per minute of the pump and converting this to piston speed.
One revolution of a steam pump is defined as one complete forward and reverse stroke of
the piston. The relationship between piston speed and rpm is

rpm X stroke

in USCS units S = A
in SI units S = 0.002 X rpm X stroke
where S = piston speed, ft/min (m/min)

rpm = revolutions per minute

stroke = stroke of pump, in (mm)

A steam pump must fill with liquid from the suction supply on each stroke, or it will not
perform properly. If the pump runs too fast, the liquid cannot flow through the suction line,
pump passageways, and valves fast enough to follow the piston. On the basis of experience
and hydraulic formulas, maximum piston speeds that vary with the length of stroke and
the liquid handled can be established.

Table 2 shows general averages of maximum speed ratings: for pumps of specified
stroke handling various liquids. Some pumps, by reason of exceptionally large valve areas
or other design features, may be perfectly suitable for speeds higher than shown. From the
table, it should be noted that piston speed should be reduced for viscous liquids. Unless the
net positive suction head is proportionately high, viscous liquids will not follow the piston
at high speeds because frictional resistance in suction lines and in the pump increases
with viscosity and rate of flow. Pumps handling hot water are run more slowly to prevent
boiling of the liquid as it flows into the low-pressure area behind the piston.
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3.56 CHAPTER THREE

TABLE 2 Average maximum speed ratings

Piston speed, ft/min*

Boiler
Stroke  Cold Water; 0Oil, Qil, Oil, QOil, Feed
Length,  Oil to 250 250-500 500-1000 1000-2500 2500-5000 212°F
in* SSuU SSU SSU SSuU SSU (100°C)

3 37 35 33 29 24 22
4 47 45 42 36 31 28
5 53 51 47 41 35 32
6 60 57 53 46 39 36
7 64 61 57 49 42 39
8 68 65 61 53 45 41
10 75 72 67 58 49 45
12 80 Vil 71 62 52 48
15 90 86 80 69 57 54
18 95 91 85 73 62 57
24 105 100 94 81 68 63
36 120 115 107 92 78 72

*S1 conversion factors: in X 25.4 = mm; ft/min X 0.3048 = m/min.

SIZE OF LIQUID END

The size of a steam pump is always designated as follows:
Steam piston diameter X liquid piston diameter X stroke

For example, a 1 X 5 X 6 steam pump has a 7}-in (191-mm) diameter steam piston, a
5-in (127-mm) diameter liquid piston, and a 6-in (152-mm) stroke.

To determine the liquid piston diameter for a specified capacity, the following proce-
dure is used. First, a reasonable stroke length is assumed and the maximum piston speed
for this stroke and the type of liquid pumped is selected from Table 2. Then the desired
capacity is increased by 3 to 5% to account for slip. The result is the desired displacement.
Then for either a simplex or duplex pump, the liquid piston diameter can be calculated as
follows:

1/2
In USCS units, for simplex pumps: d; = 4.95(%)
D 12
For duplex pumps: d; =356 (§)

12
In SI units, for simplex pumps: d; = 1128.4(-2—)

<

1/2
For duplex pumps: d; = 797.9(—)

w0

where d; = liquid piston diameter, in (mm)
D = displacement, gpm (m%min)
S = piston speed, ft/min (m/min)

Using the resultant liquid piston diameter, the next larger standard piston size is
selected.
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3.3 STEAM PUMPS 3.57

SIZE OF STEAM END

To calculate the size of the steam end required for a specific application, the basic princi-
ple of steam pump operation should be considered. A simple schematic of a steam pump is
shown in Figure 24.

In order for the pump to move, the force exerted on the steam piston must exceed the
force on the liquid piston that is opposing it. The force on the steam piston is the product
of the net steam pressure and the steam piston area. The net steam pressure is the steam
inlet pressure minus the exhaust pressure. The force acting on the liquid piston is the
product of the net liquid pressure and the liquid piston area. The net liquid pressure is the
pump discharge pressure minus the suction pressure or plus the suction lift. This may be
expressed algebraically as follows:

P ,44! > P IAI
where P, = net steam pressure, lb/in? (bar)
A, = steam piston area, in® (mm?)
P, = net liquid pressure, 1b/in® (bar)
A; = liquid piston area, in* (mm?)

Because the pistons are circular, the squares of their diameters are directly propor-
tional to their areas, and the above formula can be rewritten as

Pd > Pyt

where d, = steam piston diameter, in (mm)
d; = liquid piston diameter, in (mm)

In practice, it is necessary for the force on the steam piston to exceed the force opposing
it on the liquid piston by a considerable amount. This is because of mechanical losses, which
include stuffing box friction, friction between piston rings and cylinder of both liquid and
steam ends, and the operation of the valve gear. These losses are determined by testing and
are accounted for in size calculations by introduction of a mechanical efficiency figure.
Mechanical efficiencies are expressed as a percentage, with 100% being a perfect balance
of forces acting on the steam and liquid pistons as expressed in the previous formula.
Because the efficiencies of two identical pumps may vary with stuffing box and piston ring
packing tightness, the efficiencies published by manufacturers tend to be conservative.

With the mechanical efficiency factor inserted, the formula of forces becomes

PAdIE, = Pd}
where P, = net steam pressure, Ib/in? (bar)
d, = steam piston diameter, in (mm)

STEAM STEAM
i

N EXHAUST
} 4 J]
i
—— DISCHARGE MANIFOLD
w AAC
: el 5
MOTION
DISCHARSE
L — PRESSURE
2 *
w
b
SUCTION MANIFOLD
STEAM CYLINDER
LIQUID CYLINDER L

FIGURE 24 Schematic showing direction of forces on pistons
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3.58 CHAPTER THREE

TABLE 3 Typical mechanical efficiency values

Mechanical efficiency, %

Stroke length, in (mm) Piston Pump Plunger pump
3 (76) 50 47
4 (102) 55 52
5 (127) 60 57
6 (152) 65 61
8 (201) 65 61
10 (254) 70 66
12 (305) 70 66
18 (457) 73 69
24 (610) 75 71

P, = net liquid pressure, lb/in? (bar)
d, = liquid piston diameter, in (mm)
E,. = mechanical efficiency, expressed as a decimal
This formula is commonly used to determine the minimum size of steam piston

required when the liquid piston size has already been selected and the net steam and net
liquid pressures are known. For this calculation, the formula is rearranged to the form

P, \12
*2*@¢>

The efficiency of a long-stroke pump is greater than that of a short-stroke pump.
Although mechanical efficiency varies with stroke length, any two pumps of the same size
are capable of the same efficiency.

Table 3 shows typical mechanical efficiencies that can be used to determine required
steam end size.

STEAM CONSUMPTION AND WATER HORSEPOWER

After determining the proper size of other pump types, the next concern usually is to cal-
culate the maximum brake horsepower so the proper size of driver can be selected. With
a steam pump, the next step is usually to determine the steam consumption. This must be
known to ensure that the boiler generating the steam is large enough to supply the steam
required by the pump as well as that required for all its other services.

To determine the steam consumption, it is necessary first to calculate the water horse-
power as follows:

units whp = 1715
. _QXP
In SI units kW = 36

where whp = water horsepower
@ = pump capacity, gpm (m%h)
P, = net liquid pressure, 1b/in? (bar)
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FIGURE 26 Approximate steam consumption for steam pumps (pounds of steam per water horsepower-hour =
1.644 kg of steam per water kilowatt-hour; water horsepower per cylinder = 1.341 wkW per cylinder; ft/s = 0.3047
mJs; in = 25.44 mm) (Hydraulic Institute Standards, 12th Edition, 1969—out of print}

A steam consumption chart (Figure 25) affords a means of quickly obtaining an approx-
imate figure for the steam rate of direct-acting steam pumps. For duplex pumps, divide the
water horsepower by 2 before applying it to the curves. These curves were made up on the
basis of water horsepower per cylinder; if the above procedure is not followed, the results
will be inaccurate.

Starting with the water horsepower per cylinder:

1. Move vertically to the curve for steam cylinder size.

2. Move horizontally to the curve for 50-ft/min (15.15-m/min) piston speed. This is the
basic curve from which the other curves were plotted.

8. Move vertically to the piston speed at which the pump will run.

4. Move horizontally to the steam rate scale and read it in pounds per water horsepower-
hour (kilograms per kilowatt-hour).

5. Multiply the result by total water horsepower to obtain the steam rate in pounds per
hour (kilograms per hour).

For steam cylinders with diameters as shown, but with longer stroke, deduct 1% from
the steam rate for each 20% of additional stroke. Thus, a 12 X 24 steam end will have a
steam consumption about 5% less than a 12 X 12 steam end. For 5} X 5 and 43 X 4 steam
ends, the 6 X 6 curve will give approximate figures, For cylinders of intermediate diame-
ters, interpolate between the curves.

To correct for superheated steam, deduct 1% for each 10° of superheat. To correct for
back pressure, multiply the steam rate by a correction factor equal to
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3.60 CHAPTER THREE

(P + BP)”Z
P

where P = net steam pressure to drive pump, 1b/in? (bar)
BP = back pressure, 1b/in? (bar)

Direct-acting steam pumps have inherently high steam consumption. This is not nec-
essarily a disadvantage, however, when the exhaust steam can be used for heating the
boiler-feed water or for building heating or process work. Because these pumps can oper-
ate with a considerable range of back pressure, it is possible to recover nearly all the heat
in the steam required to operate them. Because they do not use steam expansively, they
are actually metering devices rather than heat engines and as such consume heat from
the steam only as the heat is lost via radiation from the steam end of the pump. These
pumps act, in effect, like a reducing valve to deliver lower pressure steam that contains
nearly all its initial heat.

SUCTION SYSTEMS AND NET POSITIVE SUCTION HEAD

A majority of pump engineers agree that most operating problems with pumps of all types
are caused by failure to supply adequate suction pressure to fill the pump properly.

The steam pump industry uses the term net positive suction head required (NPSHR) to
define the head, or pressure, required by the pump over its datum, usually the discharge
valve level. This pressure is needed to (1) overcome frictional losses in the pump, (2) over-
come the weight and spring loadings of the suction valves, and (3) create the desired veloc-
ity in the suction opening and through the suction valves, The NPSHR of a steam pump
will increase as the piston speed and capacity are increased. The average steam pump will
have valves designed to limit the NPSHR to 5 lb/in? (0.3 bar) (34.5 MPa) or less at maxi-
mum piston speed.

If the absolute pressure in the suction system minus the vapor pressure is inadequate
to meet or exceed the NPSHR, the pump will cavitate. Cavitation is the change of a por-
tion of the liquid to vapor, and it causes a reduction in delivered capacity, erratic discharge
pressure, and noisy operation. Even minor cavitation will require frequent refacing of the
valves, and severe cavitation can cause cracked cylinders or pistons or failure of other
major parts.

FLOW CHARACTERISTICS.

The flow characteristics of duplex and simplex pumps are illustrated in Figure 26, The
flow from a simplex pump is fairly constant except when the pump is at rest. However,
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FIGURE 28 Flow characteristics of simplex and duplex pumps
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3.3 STEAM PUMPS 3.61

because the flow must stop for the valves to close and for the forces on both sides of the
steam and liquid pistons to reverse, there is uneven and pulsating flow. This can be com-
pensated for, in part, by installing a pulsation-dampening device on the discharge side of
the pump or in the discharge line.

In a duplex pump, one piston starts up just before the other piston completes its stroke,
and the overlapping of the two strokes eliminates the sharp capacity drop.

FURTHER READING

Grobholz, R. K. “Get the Right Steam Pump to Handle the Job.” Mill and Factory, 1955.
American National Standard for Direct Acting (Steam) Pumps for Nomenclature, Defini-
tions, Application and Operation, ANSI/HI 8.1-8.5-2000, Hydraulic Institute, Parsippany,
NdJ www.pumps.org.

Schaub, D. G. “Reciprocating Steam Pumps.” South. Power and Ind., 1935.

Wright, E. F. “Direct-Acting Steam Pumps.” In Standard Handbook for Mechanical Engi-
neers (T. Baumeister and L. Marks, eds.), 7th ed., McGraw-Hill, New York, 1967, pp. 14-9
to 14-14.

Wright, E. F. In Pump Questions and Answers. (R. Carter, 1. J. Karassik, and E. F. Wright,
eds.) McGraw-Hill, New York, 1949,
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SEGTION 3.4

DISPLAGEMENT PUMP
PERFORMANCGE,
INSTRUMENTATION, AND
DIAGNOSTICS'

J. C. WACHEL
FRED R. SZENASI

The most common operational and reliability problems in reciprocating positive displace-
ment pump systems are characterized by

® Low net positive suction head (NPSH), pulsations, pressure surge, cavitation,
waterhammer

® Vibrations of pump or piping

® Mechanical failures, wear, erosion, alignment

® High horsepower requirements, high motor current, torsional oscillations

® Temperature extremes, thermal cycling

® Harsh liquids: corrosive, caustic, colloidal suspensions, precipitates (slurries)

Although any component in a pump system may be defectwe, most operational prob-
lems are caused by liquid transient interaction of the piping system and pump system or
by purely mechanical interaction of the pump, drive system, foundation, and so on. This
section discusses hydraulic and mechanical problems and suggests measurement and
diagnostic procedures for determining the sources of these problems.

HYDRAULIC AND MECHANICAL PUMP PROBLEMS

Inadequate NPSH Net positive suction head available (NPSHA) is the static head plus
atmospheric head minus lift loss, frictional loss, vapor pressure, and acceleration head
available at the suction connection centerline.

Acceleration head can be the highest factor of NPSHA. In some cases, it is 10 times the
total of all the other losses. Data from both the pump and the suction system are required

3.63
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HALF-WAVE RESONANCES QUARTER-WAVE RESONANCE
PIPES CLOSED AT PIPES OPEN AT PIPES OPEN AT ONE END
BOTH ENDS B0TH ENDS AND CLOSED AT THE OTHER

B KIS
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where a = velocity of sound, ft/g (m/s)
L = length, ft (m)
No=1,2,3 ...

FIGURE 1 Organ pipe resonant mode shapes

to determine acceleration head; its value cannot be calculated until these data have been
established. Inadequate NPSH can cause cavitation, the rapid collapse of vapor bubbles,
which can result in a variety of pump problems, including noise, vibration, loss of head and
capacity, and severe erosion of the valves and surfaces in the adjacent inlet areas. To avoid
cavitation of liquid in the pump or piping, the absolute liquid static pressure at pumping
temperatures must always exceed the vapor pressure of the liquid. The pressure at the
pump suction should include sufficient margin to allow for the presence of pulsations as
well as pressure losses due to flow.

Positive Displacement Pump Pulsations The intermittent flow of a liquid through
pump internal valves generates liquid pulsations at integral multiples of the pump oper-
ating speed. For example, a 120-rpm triplex pump generates pulsations at all multiples
of pump speed (2 Hz, 4 Hz, and so on); however, the most significant components will usu-
ally be multiples of the number of plungers (6 Hz, 12 Hz, 18 Hz, and so on). Resultant pul-
sation pressures in the piping system are determined by the interaction of the generated
pulsation spectrum from the pump and the acoustic length resonances of liquid in the pip-
ing. For variable-speed units, the discrete frequency components change in frequency as
a function of operating speed and the measured amplitude of any pulsation harmonic can
vary substantially with changes in the location of the measurement point relative to the
pressure nodes and antinodes of the standing wave pattern.

Piping System Pulsation Response Because acoustic liquid resonances occur in pip-
ing systems of finite length, these resonances will selectively amplify some pulsation fre-
quencies and attenuate others. Resonances of individual piping segments can be
described from organ pipe acoustic theory. The resonant frequencies of standing pressure
waves depend upon the velocity of sound in the liquid being pumped, pipe length, and
end conditions. The equations for calculating these frequencies are shown in Figure 1. All
of the integral multiples (N) of a resonance can occur, and it is desirable to mismatch the
excitation frequencies from any acoustical resonances. A 2:1 diameter increase or greater
would represent an open end for the smaller pipe. Closed valves, pumps, or a 2:1 diame-
ter reduction represent closed ends. For example, a 2-in (51-mm) diameter pipe that con-
nects radially into two 8-in (203-mm) diameter volumes would respond acoustically as an
open-end pipe.

Complex piping system responses depend upon the termination impedances and inter-
action of acoustical resonances and cannot be handled with simplified equations. An elec-
troacoustic analog® or digital computer can be used for the more complex systems.

Velocity of Sound in Liquid Piping Systems The acoustic velocity of liquids can be
determined by the following equation:
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3.4 DISPLACEMENT PUMP PERFORMANCE, INSTRUMENTATION, AND DIAGNOSTICS 3.65

' K
a= cl\}sp. : . D

where a = velocity of sound, ft/s (m/s)
C, = 8.615 for USCS units, 1.0 for SI units
K, = isentropic bulk modulus, lb/in? (kPa)
sp. gr. = specific gravity

In liquid piping systems, the acoustic velocity can be significantly affected by pipe wall
flexibility. The acoustic velocity can be adjusted by the following equation:

1
Qadjusted = @ —D? (2
1+ —=

tE
where D = pipe diameter, in (mm)
¢t = pipe wall thickness, in (mm)
E = elastic modulus of pipe material, lb/in? (kPa)
Pipe wall radial compliance can reduce the velocity of sound in liquid in a pipe as
shown in Figure 2.2

The bulk modulus of water can be calculated with the following equation? for temper-
atures from 0 to 212°F (0 to 100°C) and pressures from 0 to 4.4 X 10*1b/in? (0 to 3 kbar*):

K, = K, + 8.4P (3)

where K, = isentropic bulk modulus, kbar
K, = constant from Table 1, kbar
P = pressure, kbar
(1 kbar = 10° kPa = 14,700 lb/in?)

PIPE SIZE,mm
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FIGURE 2 Velocity of sound in water at 14.6 1b/in? (1 bar), 80°F (15.6°C) versus nominal pipe size with 0.25-in
(6.36-mm) wall thickness

*1bar = 10° Pa.
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3.66 CHAPTER THREE

TABLE 1 Constant K, for evaluation of isentropic bulk
modulus of water from 0 to 3 kbar

Temperature, °C (°F) Isentropic constant K, kbar®
0 (32) 19.7
10 (50} 21.0
20 (68) 22.0
30 (86) 22.7
40 (104) 23.2
50 (122) 23.5
60 (140) 23.7
70 (158) 23.7
80 (176) 23.5
90 (194) 23.3
100 (212) 22.9

21 kbar = 14,700 Ib/in2.
Source: Reference 3.

The calculation of the isentropic bulk modulus of water is accurate to +0.5% at 68°F
(20°C) and lower pressures.* At elevated pressures (greater than 3 kbar) and temperatures
(greater than 100°C), the error should not exceed +=3%.

The bulk modulus for petroleum oils (hydraulic fluids) can be obtained at various tem-
peratures and pressures by using Figures 3 and 4, which were developed by the American
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FIGURE 3 Isothermal secant bulk modulus at 20,000 1b/in? gage for petroleum oils
(1 1b/in? = 6.895 kPa; °C = (°F - 32)/1.8).
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FIGURE 4 Pressure correction for isothermal secant bulk modulus for petroleum oils (1 lb/in* = 6.895 kPa)

Petroleum Institute (API).“” Figure 3 relates density (mass per unit volume) and temper-
ature to the isothermal secant bulk modulus at 20,000 Ib/in? (137,900 kPa), and Figure 4
corrects for various pressures.

The isentropic tangent bulk modulus is needed to calculate the speed of sound in
hydraulic fluids and can be readily obtained from Figures 3 and 4 as follows:

1. Read the isothermal secant bulk modulus at the desired temperature from Figure 3.

2. Using the value for isothermal secant bulk modulus obtained from Figure 3, go to Fig-
ure 4 and locate the intersection of the pressure line with that value. Move vertically
to the pressure line representing twice the normal pressure. Read the adjusted
isothermal secant bulk modulus for the double value of pressure.

8. Multiply the adjusted isothermal secant bulk modulus by 1.15 to obtain the value of
the isentropic tangent bulk modulus (compensation for the ratio of specific heats).

The isothermal tangent bulk modulus has been shown to be approximately equal to the
secant bulk modulus at twice the pressure® within £1%. The relationship between isother-
mal bulk modulus K, and isentropoic bulk modulus K, is

K, = K,c,/c, (4)

The value of ¢ /c, for most hydraulic fluids is approximately 1.15.

Puisation Control Pulsation control can be achieved by judicious use of acoustic filters

and side branch accumulators. Acoustic filters are liquid-filled devices consisting of vol-
umes and chokes that use reactive filtering techniques to attenuate pulsations. Side
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3.68 CHAPTER THREE

branch resonators are of two types: quarter-wavelength resonant stubs and gas-charged
accumulators. (The terms accumulators, dampeners, and dampers are used interchange-
ably in the liquid filter industry.)

Acoustic Filters An acoustic filter consisting of two volumes connected by a small-
diameter choke can significantly reduce the transmission of pulsations from the pump into
the suction and discharge piping systems. The equations given in Figure 5 can be used to
calculate the resonant frequency for a simple volume-choke-volume filter. The filter should
be designed to have a resonant frequency no more than one-half the lowest frequency
desired to be reduced, referred to as the cutoff frequency. Such a filter is called a low-pass
filter because it attenuates frequencies above the cutoff frequency,

A special case for symmetric liquid-filled filters can be obtained by choosing equal
chamber and choke lengths. This reduces the equation in Figure 5 to

ad
f=—— (5)
‘n'\/ECD
where d = choke diameter, in (mm)
L = chamber and choke length, ft (m)
D = chamber diameter, in (mm)
Normally, a good filter design will have a resonant frequency less than one-half the

plunger frequency and will have a minimal pressure drop. For example, a triplex pump
running at 600 rpm generates pulsations at all multiples of 10 Hz. The largest amplitudes
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FIGURE 5 Two-chamber resonator system with both ends open. V = volume, ft* (m®); f = resonant frequency, Hz;
L = choke tube length, ft (m); A = choke tube area, ft? (m?); @ = acoustic velocity, ft/s (m/s); m = acoustic parameter
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would normally be at 30 Hz, 60 Hz, 90 Hz, and so on. The filter resonant frequency should
be set at 15 Hz or lower. For water, in which the velocity of sound is 3200 ft/s (976 m/s), and
a volume bottle size inner diameter of 19 in (482.6 mm),

. . L 3200 ft
JSCS wait L__ 3200 _ 58t
in USCS unite d = 7Va (15)(19) in
L 976 m
i i | N—— Y 6)
in SL units d - avas)asze) 0% mm ¢

If the choke diameter is selected to be 1.049 in (26.64 mm), the length of each volume
bottle and choke tube is 2.65 ft (0.81 m). See also Reference 8.

Side Branch Accumulators Liquid-filled, quarter-wavelength, side branch accumula-
tors reduce pulsations in a narrow frequency band and can be effective on constant/speed
positive displacement pumps. However, in variable-speed systems, accumulators with or
without a bladder can be made more effective by partially charging them with a gas (nitro-
gen or air) because the gas charge cushions hydraulic shocks and pulsations. If properly
selected, located, tuned, and charged, a wide variety of accumulators (weight- or spring-
loaded; gas-charged) can be used in positive displacement pump systems to prevent cav-
itation and waterhammer, damp pulsations, and reduce pressure surges.®*° Improper
sizing or location can aggravate existing problems or cause additional ones. Typically, the
best location for accumulators is as close to the pump as possible.

Gas-charged dampeners, or accumulators, such as those depicted in Figure 6, are most
commonly used and can be quite effective in controlling pulsations. These devices are com-
mercially available from several sources. Their location and volume and the pressure of
the charge are important to their effectiveness. When gas-charged dampeners are used,
the gas pressure must be monitored and maintained because the gas can be absorbed into
the liquid. The system pressure can sometimes be lower than the gas charging pressure,
such as on start-up; therefore, a valve should be installed to shut off the accumulator dur-
ing start-up to eliminate gas leakage to the primary liquid. When the valve is closed, the
accumulator is decoupled from the system and is not effective. Accumulators with integral
check valves should be adjusted so pressure transients do not close the check valve and
render the accumulator ineffective. Accumulators that have bladders (Figures 6b, d, and
e) to separate the gas charge from the liquid have some distinct advantages, particularly
if gas absorption is a problem. Accumulators with flexible bladders must be carefully
maintained because failure of a bladder could release gas into the liquid system and could
compromise the effectiveness of the dampener.,

The in-line gas dampener (refer to Figure 6e) has a cylinder around the pipe contain-
ing a gas volume and bladder. The liquid enters the dampener through small holes in the
circumference of the pipe and impinges upon the bladder, which produces the same
acoustic effect as a side branch configuration.

It is not always possible to design effective pulsation control systems using simplified
techniques. For complicated piping systems with multiple pumps, an electroacoustic

FIGURE 6 Types of accumulators: (a} piston, (b) diaphragm, {c) gas-charged, (d) bladder, (e) in-line
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FIGURE 7 Effect of acoustic filter on pulsations

analog' is recommended for designing optimum filters or accumulators. This tool has
become widely accepted for designing reliable piping systems for reciprocating liquid
pumps and gas compressor units. The reduction in pulsations in a liquid pump system
in a nuclear plant is shown in Figure 7. These results were obtained with a two-volume
acoustic filter system designed with the electroacoustic analog. The volume diameter
was 19.3 in (49 cm), and the length was 4 ft (1.2 m). The choke tube diameter was 0.8 in
(2 em), and its length was 7 ft (2.1 m). The speed of the triplex (2-cm) pump was 360 rpm,
and the filter resonant frequency was set at 8.1 Hz for a velocity of sound of 4550 ft/s
(1390 m/s).

Piping Vibrations When mechanical resonances are excited by pulsations, vibrations
in the pump and piping can sometimes be 20 times higher than under off-resonant con-
ditions. When the mechanical resonances coincide with the acoustic resonances, an addi-
tional amplification factor as high as 300 can be encountered.

Piping system mechanical natural frequencies can be calculated using simplified design
procedures to provide effective detuning from known excitation sources. A nomogram (see
Figure 8) for calculating the lowest natural frequency of uniform steel piping spans!! can
be used in designing piping systems and in diagnosing and solving vibration problems. For
example, welded between two bottles, a 4-in (102-mm) pipe that is 10 ft (3 m) long and has
an inner diameter of 3.826 in (97.18 mm) would have a mechanical frequency of 74 Hz. If
the pipe was an equal-leg L bend (L = 5), the natural frequency would be 50 Hz.

To minimize piping vibration problems, all unnecessary bends (considering routing and
thermal flexibility) should be eliminated because they provide a strong coupling point
between pulsation excitation forces and the mechanical system. When bends are needed,
use the largest enclosed angle possible and locate restraints near each bend. Piping should
also have supports near all piping size reductions and at large masses (valves, accumula-
tors, flanges, and so on). Small auxiliary piping connections (vents, drains, pressure test
connections, and so on) should be designed so the mass of the valve and flange is effectively
tied back to the main piping, thus eliminating relative vibration.

Diagnostlcs and Instrumentation The diagnosis of vibrations in positive displacement
pumps should usually include dynamic pressure measurements in the cylinders and pip-
ing near the pump. These measurements can be obtained by the use of piezoelectric or
strain gage pressure transducers, If cavitation or flashing is suspected, a pressure trans-
ducer capable of measuring static and large dynamic pressures should be used; even then,
cavitation-produced pressure shocks may damage the transducer.
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FIGURE 8 Natural frequency of uniform steel piping spans (1 ft = 0.3048 m; 1 in = 2,54 cm)

Accelerometers with low frequency characteristics may be used with electronic inte-
grators to obtain accurate vibration displacement data from the pump case, cylinders, or
piping. Similarly, velocity or seismic pickups may be employed. Maximum vibrations usu-
ally occur at the middle of piping spans and at unsupported elbows (out of plane).

Real-time analyzers and oscilloscopes may be used to display the resulting signals. A
field example showing the diagnosis of cavitation at the pump suction using a strain gage
diaphragm pressure transducer is given in the oscilloscope trace of Figure 9. The vapor
pressure (gage) for this system was 25 1b/in? (172 kPa). Note that the negative half of the
cycle is flattened when vapor pressure is reached and that very high amplitude pressure
spikes are apparent. For liquids with dissolved gases, lower pulsation amplitudes can pro-
duce cavitation; however, the cavitation is usually less severe.
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Typical field pulsation data obtained on a three-plunger pump are shown in Figure 10,
which is a frequency spectrum of the pulsations made by a real-time analyzer. Each spike
represents a frequency multiple of running speed. Note that the third spike, representing
the plunger frequency, has the largest amplitude; however, the components at one and two
times pump speed are also significant, which means that these frequency components
should be considered for pulsation control.

The vibration frequencies of the piping should be compared with pulsation frequencies
to evaluate potential pulsation excitation of mechanical resonances. A check of the piping
mechanical natural frequencies from the nomogram (refer to Figure 8) should be made to
evaluate the possibility of a mechanical resonance. High vibrations produced by low-level
pulsations at a particular frequency are indicative of a mechanical resonance, which can
usually be corrected by additional piping restraints or snubbers. After the causes of the
pulsations and vibrations are diagnosed, the techniques presented previously can be used
to develop solutions.

Thermal Problems In pump systems with high thermal gradients, large forces and
moments on the pump case can cause misalignment of the pump and its driver as well
as pump case distortion resulting in vibrations, rubbing (wear), bearing failure, seal leak-
age, and so on. High stresses can be imposed on the piping, resulting in local yielding or
damage to the piping restraints, snubbers, or support system. Misalignment problems
commonly exhibit a high second-order component of the shaft vibrations. Proximity
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FIGURE 10 Typical ficld data recorded on a three-plunger pump
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probes can be used at the bearings to measure movement of the shaft relative to the bear-
ing centerline.

Diagnosis of Shaft Failures Pump and driver shafting can experience high stresses
during start-up and normal operation because of the uneven torque loading of the posi-
tive displacement pumping action. Shaft failures are strongly influenced by the torsional
resonances of the system, which are the angular natural frequencies of the system.

Torsional vibrations can be measured using velocity-type torsional transducers that
mount on a stub shaft. Alternatively, they may be gauged by measuring the gear tooth
passing frequency with a magnetic transducer or proximity probe and using frequency-to-
voltage converters to give the change in tooth passing frequency (the torsional vibrational
velocity). Spectral analysis of these signals defines the torsional amplitudes and natural
frequencies. The stresses can be calculated by using the mode shape of the specific reso-
nant natural frequency and combining all the torsional loads. Torsional natural frequen-
cies, mode shapes, and stresses can be calculated by using either the Holzer technique or
digital computer programs.’?

Torsional problems can usually be solved by changing the coupling stiffness between
the driver and pump or by using a flywheel in an effective location. The addition of a fly-
wheel will tend to smooth the torque oscillations. Pumps with a greater number of cylin-
ders and equal cylinder phasing usually operate more smoothly with lower shaft stresses.
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SECGTION 3.5

DISPLAGEMENT PUMP
FLOW GONTROL

WILL SMITH

FLOW CONTROL IN INDIVIDUAL PUMPS

An inherent characteristic of positive displacement pumping of relatively incompressible
liquids is that flow rate is proportional to displacement rate and independent of pressure
levels. The capacity of a centrifugal pump operating at constant speed varies from a max-
imum flow at no developed pressure to zero flow at a definite limiting pressure known as
shutoff head. The average capacity of positive displacement pumps at constant speed is,
within design limits of pressure, practically constant, even though flow rate pulsations do
occur as individual displacements are forced into the discharge pipe.
Flow control of positive displacement pumps is accomplished by

¢ Changing the displacement rate
® Changing the displacement volume
* Changing the proportion of the displacement delivered into the piping system

Throttle Control in Direct-Acting Steam Pumps Direct-acting pumps are controlled
by speed change, which is effected by throttling the flow of steam (or other motive gas) to
the drive cylinder. The magnitude of excess force on the drive piston over that required
for the driven, or pumping, piston to force pumpage into the piping system dictates the
stroke rate and therefore the capacity of the pump. A sensor that detects the desired result
of pumping (pressure, level, flow rate, and so on) may be used to modulate the steam throt-
tle valve.

Speed Control in Power-Driven Pumps Speed modulation is the most common means
of flow control for power-driven pumps. The most rudimentary speed control is intermit-
tent (start-stop) operation. The average capacity over relatively long time periods depends
upon the percentage of time the pump operates at 100% versus the percentage of time it

3.75
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operates at zero flow. Of course, consideration must be given to the frequency of starts
because electric motors may overheat if there is insufficient time for cooling after the
inrush of starting current.

When continuous modulation of flow is desired, means of varying the driver speed or
the ratio of speed reduction between the driver and pump are employed.

DRIVER SPEED CONTROL

1. Multispeed constant-torque motors offer limited steps in speeds.

2. Variable-frequency motor controls permit a wide range of fully modulated speeds but,
at present, are limited in maximum horsepower (Section 9.2.2).

3. Direct current and wound rotor alternating current motors permit modulation of
speeds within definite limits of torque capability (Section 9.2.2).

4, Gasoline and diesel engines provides speed variation capabilities within the limits
where driver torque is adequate to satisfy the constant-torque requirements of the
pump (Section 9.1.3).

5. Steam or gas turbines can operate over a limited speed range within their particular
output torque limits (Sections 9.1.2 and 9.1.5).

SPEED CHANGER CONTROL Because most positive displacement pumps operate at signifi-
cantly lower speed than most drivers, a speed reduction unit is coupled between driver
and pump. Capacity control by varying the ratio of the speed reduction is quite convenient,
A number of methods are used.

1. Variable-ratio belt drives change the speed by changing the pitch diameter of driver
and driven sheaves in response to capacity requirements.

2. Hydraulic torque converters (hydrodynamic drives) vary the speed by regulating the
amount of active drive fluid in the coupling. Because these converters relate torque to
speed, they are sensitive to the driven torque requirement change that may derive
from system pressure changes (Section 9.2.3).

3. Hydroviscous drives vary the slip between input and output shafts by adjusting the
distance between elements in a viscous fluid environment (Section 9.2.3).

4, Eddy-current couplings also vary the slip between driver and driven elements but do
so by varying the strength of a magnetic field (Section 9.2.1).

Variable Displacement Flow Control Rather than by speed control (changes in the
number of displacements in a given period of time), flow may be varied by changing the
volume displaced per stroke.

Variable strokes are generally limited to small metering or “controlled volume” pumps.
Although large-capacity variable-stroke pumps have been built, the complexity of the
mechanism involved and the development of other effective and economical means of flow
control have precluded their use.

Changing Delivery to the System Another means of capacity control is not to vary the
pump capacity but to alter the amount of pumpage delivered to the system. There are two
popular means of doing this.

SUCTION VALVE UNLOADING Suction valve unloaders cause the displacement to be ineffec-
tive during the strokes for which the unloaders are activated. They command either full
or zero delivery while the pump is kept running. Thus, current inrush problems from fre-
quent motor starts are avoided. Because discharge pressure is not developed when suc-
tion valves are unloaded, energy consumption is held to a minimum.

A pump valve is unloaded by mechanically preventing the valve plate from returning
to its seat. If the suction valve is held away from its seat, liquid will ebb and flow through
the valve from suction header to pump cylinder and from cylinder to header during the
stroking of the plunger or piston.
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FIGURE 1 Synchronized unloading keeps the valve open through the use of a suction valve unloader

The unloader mechanism does not move the valve. The valve is lifted off its seat by the
pressure differential created by normal pump operation. In synchronized unloading, the
suction valve unloader (Figure 1) is retracted only when it is certain that the incoming
flow will keep the valve open.

The unloader never resists pressure in the cylinder; it merely holds the valve plate
against valve springs that had already been compressed and moves away from the valve
while the springs are still compressed. This permits the valve to close when the plunger
begins its discharge stroke.

For smooth transition between full flow and zero flow, the unloading and loading are
accomplished in an immediate and identical sequence of the pumping order of the plungers.
It is the function of the synchronized suction valve unloader distributor (Figure 2) to con-
trol unloading events in that proper and immediate sequence. Similarity can be drawn to
the gasoline engine distributor in its function of assuring the proper and immediate
sequence of firing of the spark plugs.

The distributor is driven directly by the crankshaft so its position is positively indexed
to the stroking of the plungers. It provides an electrical signal to a solenoid valve, which
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FIGURE 2 “Hall effect” microprocessor distributor system
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admits motive fluid pressure to the unloader chamber when the suction valve to the par-
ticular cylinder has been opened. Then, in sequence, each of the remaining suction valves
is retained so, in the first revolution of the pump after a control signals the distributor to
initiate unloading, all suction valves are unloaded and the pump capacity is reduced to
zero. When the control again signals for capacity, each suction valve is released, in
sequence, during a single revolution of the crank.

While unloaded, the discharge valves do not function; they remain closed and serve as
check valves against the pressurized discharge system. The suction valves remain open.
Liquid enters from and is dispelled back into the suction manifold through the open suc-
tion valves. Therefore, no work is applied to the liquid, not even that required to open the
suction and discharge valves. When the control calls for loading, the load is applied in
steps equal to the number of plungers. Thus the pumping horsepower, as well as the lig-
uid inertia in the pumping system, is changed in a number of steps equal to the number
of plungers over the time span of one crank revolution.

The unloader consists of a spring-loaded pneumatic cylinder attached to the suction
valve cover. The spring advances holding fingers that keep the valve away from its seat.
Pneumatic pressure, applied through a solenoid valve in response to the distributor signal,
creates a force on a piston that opposes the spring force and allows the suction valve to
load (close). The system is normally arranged to fail in the unloaded position on either
electrical or pneumatic pressure failure,

Distributor systems have evolved from a) direct mechanical linkages between recipro-
cating parts and the suction valves, to b) electromechanical interfacing, to c) electronic
proximitor systems, to d) a “Hall effect” sensor signaling a microprocessor. The objective of
each of these systems is to cause suction valve unloader solenoids to activate or deactivate
in the appropriate sequence and at the appropriate position of the plunger during the suc-
tion stroke.

BYPASS CONTROL Ultimate delivery of pumpage to the system may be controlled by a
discharge-to-suction bypass valve. Pump operation is continuous, with the possibility of
modulating the flow to the system by regulating the portion “bypassed” to suction. A seri-
ous disadvantage is the full power utilization and full-load wear and tear even when at
zero system capacity.

Evaluation of Flow Control Options Proper selection of the means of capacity control
requires consideration of system control requirements and then evaluation of the options
available to satisfy those requirements.

Precision, responsiveness, and degree of modulation required may limit options. First
cost, maintenance requirements, and the effect on pump operating cost should then be
weighed for viable options. To evaluate the effect of operating costs, it is necessary to deter-
mine (or reasonably assume} the expected pattern of operation throughout the capacity
range. For example, if practically all operation except infrequent start-ups is to be at full
pump capacity, little penalty should be assigned to the full power usage of a bypass valve
or to the part-load losses inherent with hydroviscous or eddy-current drives.

If smooth modulation of flow is not essential, start-stop or suction valve unloading may
be the preference. If smooth modulation and considerable operation at part capacity are
necessary, variable-frequency motors or variable-pitch V-belt drives may be indicated.

Table 1 and Figure 3 provide some general guidelines. Each application should be eval-
uated on the merits of requirements and options.

FLOW CONTROL IN COMBINED DISPLACEMENT AND CENTRIFUGAL PUMPS

Systems that involve both centrifugal and reciprocating positive displacement pumps
deserve some special consideration. Centrifugal pumps are often used as suction boosters
to overcome acceleration head requirements peculiar to reciprocating pumps but are
rarely used to supplement flow. Some unique characteristics of each type of pump that
affect the other type must be considered in the design, operation, and control or the inter-
related system.
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TABLE 1 Comparison of several capacity control schemes for positive displacement

3.79

pumps
Control Degree of First Operating
Method Modulation ~ Cost Cost Comments
Directing-acting pumps
Steam Full: 0 to Low Low Steam pressure required to
throttle 100% balance liquid piston force
and overcome breakaway
friction. Steam volume
throttled to produce
desired capacity.
Power pumps
Start-stop 0 or 100% Low Low Limited in frequency of
starts because of tempera-
ture rise from inrush.
Multispeed Steps Medium Low Cost of motor controller
motors dependent switch gear motors must
on motor be assessed.
winding
Variable Full: 0 to High Low Limited by current-handling
frequency 100% + capacity of solid-state
controller.
Direct Full: 0 to High Medium Drive is torque-speed
current 100% sensitive, pump is torque-
pressure sensitive at all
speeds. Check drive for
required torque at
minimum and maximum
speeds.
Wound Full: 0 to High Low Drive is torque-speed
rotor 100% sensitive. Pump is torque-
motors pressure sensitive at all
speeds. Check drive for
required torque at
minimum and maximum
speeds.
Combustion Variable for ~ High Low Torsional analysis required
engines limited to avoid high torsional
range stresses.
Steam or Variable for ~ Medium Medium Drive is torque-speed
gas limited sensitive. Pump is torque-
turbines range pressure sensitive at all
speeds. Check drive for
required torque at
minimum and maximum
speeds.
Hydraulic Full: 0 to High High Low full speed efficiency.
torque 100%
converter
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TABLE 1 Comparison of several capacity control schemes for positive displacement
pumps (Continued)
Control Degree of First Operating
Method Modulation Cost Cost Comments
Power pumps
Hydroviscous Full: 0 to High High at Efficiency proportional to
speed 100% part capacity. Loss to heat
control load exchanger.
Fluid Full: 0 to Medium High Full-speed slip loss greater
coupling 100% than hydroviscous. Loss to
heat exchanger.
Magnetic Full: 0 to High High Full-speed slip loss.
(eddy) 100%
coupling
Suction valve  0or 100% Low Low Synchronization with
unloaders suction stroke avoids start-
stop and shock problems.
Bypass valve  Limited Low High Uses full power at zero
capacity with full valve
wear.
Variable- Limited Low Low Limited to belt drive
pitch belt horsepower.

Pertinent Positive Dispiacement Pump Characteristics

1. The discharge pressure produced is a function of the system requirement only and is
independent of pump capacity.

2. The flow rate pulses between maximum and minimum values for each revolution of

the crankshaft.
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EFFICIENCY, %

VAR|ABLE - FREQUENCY
MOTOR DRIVE

HYDROVISCOUS
DRIVE

HYCRAULIC
TORQUE
CONVERTER

FLUID OR
MAGNETIC COUPLING

1 1

PUMP SPEED, %

100

FIGURE 8 Relative efficiencies of speed control options
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3. The pulsating flow imposes an acceleration head that adds to the net positive inlet
pressure required (Section 3.1).

4. Being more energy-efficient, the positive displacement pump is normally the lead
pump and the centrifugal pump is the supplement when operated in parallel.

Pertinent Centrifugal Pump Characteristics

1. The dynamic head (or pressure rise) produced is a function of pump capacity as well
as of system requirements,

2. For satisfactory operation, the flow must be kept within a limited range of the best
efficiency capacity (Section 2.1.3).

3. When used as a suction booster, the centrifugal pump must be designed so it cannot
introduce air into the gas-intolerant reciprocating pump. (Gas in positive displace-
ment pumps, like liquids in positive displacement compressors, may cause severe
hydraulic and mechanical shock.)

Centrifugal pumps do not generate acceleration heads that impose on net positive
suction head required. However, if a centrifugal pump is connected in parallel to a
common suction line with a reciprocating pump, some of the system acceleration head
loss from the positive displacement pump may affect the centrifugal pump.

4

Only two cases need to be considered: centrifugal pumps feeding (1) in series into re-
ciprocating pumps to increase suction NPSHA to the reciprocating pump or (2) in parallel
to augment the delivered capacity. It would be most unusual to encounter a positive dis-
placement pump feeding into the suction of a centrifugal pump because of the high pres-
sure that could be imposed on the centrifugal pump suction and because of the
amplification of flow pulsations resulting from interaction of the characteristics of the two
pumps, which could be deleterious to both pumps.

Series Operation, Suction Boost The flow rate is always determined by the positive
displacement pump capacity and is independent of the centrifugal booster pump. The
capacity is therefore controlled as with any positive displacement pump.

The purpose of the centrifugal pump is to supply sufficient pressure to satisfy the suc-
tion requirements of the positive displacement pump. The centrifugal pump must be sized
to provide the maximum rate of flow of the positive displacement pump at a pressure high
enough to meet the NPSH requirement of the latter.

With a flow-controlled positive displacement pump, speed control of the booster might
be considered, as illustrated in Figure 4. The system pressure requirement can be satisfied
by the positive displacement pump at all flow rates; therefore, total energy requirements
may be reduced by using the less efficient centrifugal pump to develop no more than the
required suction head.

If the centrifugal booster pump is run at constant speed, its share of the total head
requirement will increase as system capacity is reduced.

Parallel Operation To increase the capacity of an existing pumping system, it is some-
times convenient to consider paralleling a positive displacement pump with a centrifugal
pump. The interactions of the two pumps and the system must be considered and con-
trolled for satisfactory operation.

Suction stabilizers and discharge dampeners, desirable for most reciprocating pump
installations, become mandatory when a centrifugal pump and a positive displacement
pump are connected in parallel. These devices are used to isolate, as much as possible, the
effects of positive displacement pump flow pulsations from the sensitive centrifugal pump
operating characteristics.

Centrifugal pumps in parallel with positive displacement pumps can supplement the
system capacity only while they generate sufficient discharge pressure to satisfy the sys-
tem requirement at the higher total flow. Undampened flow pulsations shift the centrifu-
gal shutoff flow point relative to system flow at the frequency of the reciprocating
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FIGURE 4 A centrifugal booster pump can satisfy the NPSH requirement of a positive displacement pump by
operating either on its characteristic full speed curve 1-2-3-4 or with speed reduction along curve 1'-2'.3-4’

pulsation. From the system standpoint, the total flow varies along curve 1-2-3-2-1 in
Figure 5. From the centrifugal pump standpoint, it varies along its characteristic curve,
1’-2'-3'-2'-1", The reciprocating pump operates along curve 1"-2"-3"-2"-1".

For purely static system-head curves, the centrifugal pump theoretically would not
“sense” the pulsating flow. For dynamic system heads, the centrifugal pump flow varies

——
| el
+3A. 2"

CENTRIFUGAL
PUMP ALONE

TOTAL SYSTEM READ

HEAD (PRESSURE)

CENTRIFUGAL PUMP
CAPACITY ONLY ——-’"!

RECIPROCATING |
PUMP ONLY !
{AVG, CAPACITY?}

RE&'PF:OCATlNG CENTRIFUGAL
zﬂLSPATlI-OOf? PUMP VARIATION
le———rt—s] Q | IF RECIPROCATING

! =l PUMP PULSATION

IS UNATTENUATED

N
N CENTRIFUGAL PUMP
IN PARALLEL WITH
RECIPROCATING PUMP

CENTRIFUGAL AND

RECIPROCATING

PUMPS IN PARALLEL
— (AVG. CAPACITY}

)
Q
CAPAC!
FIGURE & Parallel operation of undampened reciprocating

TY
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1. The reciprocating pump will operate at a capacity corresponding to its speed regardless of its discharge pressure,

2, If the system head is only static {constant head), the centrifugal pump capacity is constant and the system flow
variation corresponds to the reciprocating pump variation.

3. If the system head is partially dynamic (as illustrated), the centrifugal pump will experience flow variations.

a. The flatter the centrifugal pump curve, the greater the
centrifugal pump.

b. The flatter the system curve, the lower the capacity an
pump.

capacity and smaller the head variations on the

d greater the head variations on the centrifugal
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3.5 DISPLACEMENT PUMP FLOW CONTROL 3.83

contracyclically with the reciprocating pump pulsations. The magnitude of the centrifu-
gal pump flow variation due to the positive displacement pump pulsations is a function
of the system head curve, the centrifugal pump head-capacity curve, the degree of flow
pulse imposed on the centrifugal pump discharge header, and the liquid bulk modulus (or
compressibility).

FLOW CONTROL IN POSITIVE DISPLACEMENT PUMPS IN SERIES

Whenever positive displacement pumps are installed in series (such as for multiple-
station pipeline service), some variable-capacity capability is mandatory. Otherwise, any
variation in capacity between series pumps or series groups of pumps would result in dis-
astrous interstation pressures.

The flow is determined by the first pump in the line. Subsequent pumps should be
equipped with capacity controls responsive to their inlet pressures. The preferred control
is a continuous-modulation type, such as variable speed, unless large reservoir capacity is
available between pumps.

Recirculation from discharge to suction through a throttling bypass valve may be used,
at the expense of energy, to match the delivery from downstream pumps to upstream
pumps. Excessive bypass flow in relation to through flow can result in significant tem-
perature rise of the liquid.

When downstream pump capacity is less than the upstream delivery, the interpump
pressure will rise, indicating a need for increased capacity. When the downstream pump
capacity exceeds the upstream delivery, the downstream pump will “draw down” the inter-
pump pressure to the point where net positive inlet pressure difficulties are ensured,

Reservoir accumulators between pumps permit a limited degree of mismatch in capac-
ities, allowing the use of incremental capacity controls, such as suction valve unloading
and intermittent pump bypass.

In any event, effective discharge dampeners on the upstream pump and suction stabi-
lizers on the downstream pump are necessary to prevent the inherent pressure pulsations
and control modulation variances from adversely affecting operation.

FLOW CONTROL IN POSITIVE DISPLACEMENT PUMPS IN PARALLEL

Because the capacity of positive displacement pumps is virtually independent of head,
there is no problem from the head-capacity characteristics in parallel operation—even for
pumps of different sizes.

Particular attention to suction acceleration head requirements is necessary when more
than one pump is taking suction from a common suction pipe. Because it cannot be
assured that two pumps will not, at some point, have simultaneous suction strokes, the
acceleration head requirements of each pump must be added for that portion of the suc-
tion line that furnishes the total flow. This suggests extra large suction lines, individual
ones from the liquid source, or suction stabilizers sized for the total flow with individual
outlet connections for each pump.
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SEGTION 3.6
DIAPHRAGM PUMPS

STEPHEN D. ABLE
ROBERT BEAN
WARREN E. RUPP

Diaphragm pumps are a class of displacement pumps featuring flexible membranes in
combination with check valves that are used to move fluids into and out of pumping cham-
ber(s). These pumps are used extensively in transfer and metering applications requiring
flows of up to 300 gallons per minute (1150 liters per minute). They are quite versatile,
handling a wide variety of fluids including chemicals, dry powders, food additives, glues,
paints, pharmaceutical products, slurries, tailings, and wastewater. A distinguishing fea-
ture of all diaphragm pumps is the absence of seals or packing, meaning they can be used
in applications requiring zero leakage. There are three main categories of diaphragm
pumps: 1) mechanically driven, 2) hydraulically driven, and 3) air-operated.

MECHANICALLY DRIVEN DIAPHRAGM PUMPS

Many industries are served by mechanically driven diaphragms pumps. They are used in
construction, chemical, and water treatment applications.

Construction Industry Mechanically driven diaphragm pumps are widely used in the con-
struction industry for dewatering applications where pumps may ingest rocks or other debris.
A popular make of this type of pump contains a spring on the plunger rod (see Figures 1
and 2). If the operating pressure exceeds the maximum recommended pumping pressure,
the spring compresses and does not move the diaphragm. The spring can compress and
thus keep a rock from being pushed through the wall of the pumping chamber or cause
the drive mechanism to fail.

In single-diaphragm pumps, the pumped liquid can have a lot of inertia if the suction
and discharge lines are relatively long. A simple accumulator on the suction (inlet) side of
the pump enables the pump to draw liquid from the accumulator while it simultaneously
draws liquid through the suction line.

3.85
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FIGURE1 Cr ion of a mechanically driven single-diaphragm pump for the construction industry
(Gorman-Rupp)

During the discharge stroke, the accumulator can refill with liquid from the suction
line. If the discharge line from the pump is relatively long, the inertia of the liquid can be
great, as mentioned earlier, and can impose severe loads on the diaphragm and drive
mechanism. The spring on the plunger rod can absorb some of the drive energy early in the
discharge stroke and “give it back” during the latter part of the discharge stroke, greatly
reducing the inertia loading on the diaphragm and drive mechanism.

Mechanically driven diaphragm pumps in the construction industry operate by a recip-
rocating plunger, usually secured to plates on both sides of the diaphragm. The diaphragms
are customarily fabric-reinforced elastomers (usually synthetic rubbers) similar in many
ways to the fabric-reinforced materials used in pneumatic tires. The diaphragms are nor-
mally molded with a convoluted section between the central clamped area and the clamped
periphery. This convoluted section permits longer strokes than would be possible otherwise.

FIGURE 2 Mechanically driven single-diaphragm pump, engine-powered (Gorman-Rupp)
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3.6 DIAPHRAGM PUMPS 3.87

These pumps are sometimes duplexed so that the reciprocating means acts alternately
on two diaphragms with one on a suction stroke, while the other is on a discharge stroke
and vice versa. A connector called a walking beam is pivoted between two diaphragms. As
one diaphragm is pushed down on a discharge stroke, the other diaphragm is simultane-
ously pulled up on a suction stroke. The pumping chambers with inlet and outlet check
valves are manifolded together to a common inlet and a common outlet. The principle
advantage of the duplex diaphragm pump is its more constant flow (two pressure pulsa-
tions per cycle).

Mechanically driven diaphragm pumps are used in the construction industry for dewa-
tering foundations and cofferdams, as well as in sewage treatment plants for pumping
lime slurries. They are normally limited to 50 ft (15.2 m) of differential head and are capa-
ble of suction lifts of as much as 25 ft (7.6 m).

Chemical and Water Treatment Industries Another type of mechanically driven dia-
phragm pump is used for the injection or transfer of chemicals into process streams at pres-
sures up to 250 lb/in? (17 bar). These pumps are designed to enable the easy adjustment of
their capacities, so precise volumes of chemicals can be injected. Typically, capacities can be
adjusted through a 20:1 range. Injection repeatability is generally plus or minus 3%.

A wide range of chemicals can be handled. Wetted materials include PVC, PVDF,
Polypropylene, 316SS, Alloy 20, and Alloy C22. Diaphragms are PTFE or PTFE with elas-
tomeric backing. Ball type check valves are usually employed.

Applications for this type of pump include the injection of acids and bases for pH con-
trol, biocides, chlorination, coagulants, and fertilizers. There are two basic configurations
for pumps in this class: electromagnetic pumps (solenoid) and motor-driven pumps.

Electromagnetic (electronic) pumps (see Figure 3) are used in a variety of low-power
applications with flows from 0.026 to 26 gallons per hour (0.1 to 100 liters per hour) at pres-
sures up to 250 lb/in? (17 bar). These metering pumps employ an electronic control circuit
that pulses an electromagnet that, in turn, generates the linear motion of an armature-
shaft-diaphragm assembly. Each electronic pulse results in one discharge stroke of the
pump. At the end of the stroke, a set of springs returns the diaphragm assembly to its ini-
tial position, drawing more fluid into the pump chamber in preparation for the next stroke.

These pumps are inherently safe, as they can be run indefinitely in the stalled condi-
tion without damage to the pump or overpressuring most systems. An additional feature
of certain electronic pumps is the regulation of pulse strength through electronic power
control, which leads to smoother fluid injection. Capacity is usually controlled by adjusting
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FIGURE 3 Electromagnetic diaphragm pump (Milton-Roy, subsidiary of Sundstrand Corp.)
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3.88 CHAPTER THREE

the stroke rate, but the stroke length can also be adjusted. Combining these adjustments
provides a wide range of outputs.

Advances in the electronic controls have led to the capability to control output manu-
ally from 4 to 20 mA process signals, digital pulses from external sources (such as flow
meters), or serial data communications signals from computers. Yearly maintenance is rec-
ommended for low-pressure applications, but as pressures rise, diaphragms and check
valves will need to be replaced more frequently.

Motor-driven, mechanically actuated diaphragm pumps are used in applications for flows
from 2 to 300 gallons per hour (approximately 10 to 1000 liters per hour) again at pressures
up to 250 Ib/in? (17 bars). Since motor-driven, mechanically actuated diaphragm pumps are
positive displacement pumps, capacities cannot be adjusted by the use of a throttling valve.

Three techniques are used in the industry to adjust motor-driven pump capacities,
Some designs employ the use of a “mechanical lost motion” mechanism in which an
adjustable mechanical stop interrupts the spring-loaded crosshead from following the cam
for a portion of the stroke. This decreases the effective stroke length (see Figure 4). Other
designs employ the use of an adjustable crank machined with a “variable eccentricity." The
adjustment of the crank’s position changes the pump’s effective stroke length (see Figure 5).
The third design technique is the use of AC or DC variable speed motors.

At higher flow rates, attention should be paid to the system design to ensure the proper
handling of pressure pulsations, due to the acceleration and deceleration of the process fluid
in the lines. This is especially true for pumps having a mechanical lost motion configuration,
due to the diaphragm’s rapid starts and stops. In the higher flow systems, pulsation damp-
eners are frequently employed in the discharge lines and occasionally need to be used in the
suction lines to control pulsations. When discharge pressures are low, backpressure valves
are employed to provide a system pressure sufficient to decelerate the fluid in the suction
line at the end of every suction stroke. If the flow of the process fluid in the suction line has
not stopped by the beginning of the discharge stroke, the accuracy of the injection is dimin-
ished. Yearly maintenance is recommended for low-pressure applications, but as pressures
rise, diaphragms and check valves will need to be replaced more frequently.

Other Mechanlcally Driven Diaphragm Pumps Automotive fuel pumps are usually
of the diaphragm type. The diaphragm is moved mechanically by a cam on a suction stroke

100% Stroke Setting """ Check Valve

(No Lost Mnuun)
20% Stroke Setting
Fiow Rate wamm
Discharge Stmlm

FIGURE 4 Diaphragm of a typical mechanical lost motion mechanism (Milton-Roy, subsidiary of Sundstrand
Corp.)
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FIGURE 5 Cross-section of a variable eccentric mechanically driven diaphragm pump (Milton-Roy, subsidiary of
Sundstrand Corp.)

and is returned by a spring for the discharge stroke. Thus, the spring determines the dis-
charge pressure and provides a nearly constant pump pressure to the carburetor regard-
less of the pump (engine) speed or the rate of fuel consumption. Hand-operated diaphragm
pumps are used extensively as bilge pumps on sailboats where the loss of power is a major
concern and hand operation is essential.

HYDRAULICALLY DRIVEN DIAPHRAGM PUMPS

Hydraulically driven diaphragm pumps are used in applications for the transfer or injection
of chemicals into process streams at pressures up to 7500 1b/in? (approximately 500 bar).
Because the diaphragm is pressure-balanced, the stresses in the diaphragms are low.
Therefore, these pumps tend to require minimal maintenance. The pump’s capacities can
be adjusted to match the specific process requirement by adjusting the effective stroke
length or stroking speed of the pump. Effective stroke lengths are adjusted by either a
hydraulic lost motion, a mechanical lost motion, or by varying the eccentric’s offset. The
repeatability of the injected flow is plus or minus 1% or better.

Applications range from 0.26 to 26,000 gallons per hour (1 to 100,000 liters per hour).
At flows above 26 gallons per hour (100 liters per hour), most pump models employ capacity
adjustments based on variable eccentric or variable speed technology to avoid significant
pressure spikes due to the rapid acceleration and deceleration of the fluid in the pipes.

As with the mechanical diaphragm pumps, a wide range of chemicals can be handled.
Wetted materials include PVC, Polypropylene, PVDF, 316 SS, Alloy 20, Alloy C-22, Titanium,
and Inconel. Diaphragms for pressures up to 4350 1b/in? (300 bar) are typically composed
of PTFE or PTFE with an elastomeric backing. Diaphragms above 4350 1b/in? (300 bar) are
typically 316 SS, Alloy C, or PEEK. Optional features include fluid temperature control
jackets, diaphragm rupture detection capabilities, and remote diaphragm head designs.
Typical applications include the injection of acids and bases for pH control, corrosion
inhibitors, methanol, coagulants, primary process blending, process slurries, and drag
reducers. Three types of liquid ends are used: the disc diaphragm, shown in Figure 6, the
tubular diaphragm in Figure 7, and the high performance diaphragm in Figure 8.

The disc diaphragm pump is equipped with process-side and suction-side restraining
plates to prevent overdisplacement of the diaphragm during system upsets. When the
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FIGURE 8 Diagram of a disc diaphragm pump (Milton-Roy, subsidiary of Sundstrand Corp.)

diaphragm reaches the suction-side restraining plate, the hydraulic oil pressure drops,
causing the refill valve to open and replenish the oil. When the diaphragm hits the
process-side restraining plate, the hydraulic pressure rises, causing the relief valve to
open, venting some oil. The fluid volume between the restraining plates is typically 150%
of the maximum displaced volume of the pump. Therefore, the diaphragm does not contact

both restraining plates during the same stroke.
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FIGURE 7 Diagram of a tubular diaphragm configuration (Milton-Roy, subsidiary of Sundstrand Corp.}
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FIGURE 8 Diagram of & high performance diaphragm design (Miiton-Roy, subsidiary of Sundstrand Corp.)

The tubular diaphragm configuration is a variation of the disc diaphragm design.
A diaphragm shaped in the form of a tube is placed in a chamber in front of the disc
diaphragm assembly. This design eliminates the process fluid flowing through the front-
restraining plate, reducing viscous losses and wear in case of slurries. The chamber must
be filled with a precise amount of hydraulic fluid to avoid overdisplacing the tube.

The high-performance diaphragm configuration eliminates the use of a process-side
restraining plate providing the throughflow performance of a tubular design while elimi-
nating the possibility of overdisplacing the tube during startup and maintenance, With a
mechanically arming, pressure-sensitive refill valve, the hydraulic fluid can only be
replenished when the diaphragm is in the most rearward position. This eliminates the
possibility of overfilling the hydraulic chamber and therefore overdisplacing the
diaphragm during system upsets (blocked suction or discharge lines).

Most problems with hydraulic diaphragm pumps occur due to incorrect system
designs. Pressures above 9 1b/in? (0.6 bar) should be maintained in the pump diaphragm
heads during the suction stroke to stop vapor buildups in the hydraulic or process-side
cavities. Pressures at 3 1b/in® (0.2 bar) can be handled in some applications with modified
designs and special hydraulic fluids. NPSH calculations should include viscous losses in
the check valves and contour plates (if so equipped).

In addition, since hydraulic diaphragm pumps are reciprocating machines, accelera-
tion losses also have to be considered. Peak acceleration/deceleration losses occur at the
beginning and end of the stroke, while peak viscous losses occur at midstroke, The losses
are not additive. The manufacturer should be contacted to provide guidance in performing
these calculations.

As with mechanically driven diaphragm pumps, at higher flows, pulsation dampeners
should be considered to ensure the proper handling of pressure pulsations due to the accel-
eration and deceleration of the process fluid in the lines. This is especially true for pumps
having a mechanical lost motion configuration due to the diaphragm’s rapid starts and
stops. When discharge pressures are low, backpressure valves are employed to provide a
system pressure sufficient to decelerate the fluid in the suction line at the end of every
suction stroke. If the flow of the process fluid in the suction line has not stopped by the
beginning of the discharge stroke, the accuracy of the injection is compromised.

GD ENERGY PRODUCTS LLC

Petitioner
EX1010

Page 89 of 153



3.92 CHAPTER THREE

AIR-OPERATED DIAPHRAGM PUMPS (AODPS)

In general, diaphragm pumps of all types are sealless, have no dynamic seals or packing,
are self-priming, and have an infinitely variable flow rate and pressure rate within the
pressure and capacity ranges of the pump. Air-operated diaphragm pumps (AODPs) can
also run dry indefinitely, and the discharge can be throttled to zero flow indefinitely,

The most common types of AODPs are the double-diaphragm pumps (duplex pumps).
These contain two diaphragm chambers and two flexible diaphragms. The diaphragms are
connected to each other through a connecting rod and are clamped at the outer edges of
the diaphragm. The shaft-connected diaphragms move in the same linear direction simul-
taneously. Compressed air directed to the back side of the left diaphragm moves both
diaphragms to the left, while air is exhausted to the atmosphere from the back side of the
right diaphragm. After completion of a stroke, an air distribution valve directs compressed
air from the supply to the back side of the right diaphragm and exhausts air to the atmos-
phere from the left chamber. This continuous reciprocating motion, along with properly
operating internal check valves, creates an alternating intake and discharge of pumped
liquid into and out of each chamber that results in a nearly continuous pumping action
from the combined chambers.

A diaphragm pump air motor contains an air distribution valve that shifts positions at
the end of each stroke of the pump. The air distribution valve alternately directs supply air
pressure to one chamber and exhausts the other. Air motors often use a two-stage valve to
control the reciprocating motion of the pump (see Figure 11). The pilot valve supplies a
pilot air pressure signal to the air distribution valve throughout the entire stroke of the
pump, even though pressure oscillations in the pumping system may occur. The pilot valve
is not connected directly to the diaphragm’s connecting rod, which provides a “deadband”
to prevent the power valve from erroneously shifting just after the end of each stoke. The
two views contained in Figure 11 depict the position of the moving parts just before the
pilot valve is moved by its contact with the diaphragm washer. Depending on its position,
the pilot rod alternately pressurizes and exhausts the large end of the air distribution
valve. Other valve design configurations pressurize and exhaust both ends of the air dis-
tribution valve,

The two common types of liquid check valves that are used in a diaphragm pump are
the flap valve and the ball valve, A flap valve pump (see Figures 9 and 10) can handle
nearly marble-sized solids. Because the discharge is from the bottom of the diaphragm
chambers, the pump is ideally suited for pumping solids in suspension that may tend to
settle out, particularly when the pumping rate is reduced or when the pump is shut down.
The bottom outlet enables foreign matter to be easily pumped out of the chambers.

The popular air-operated, double-diaphragm pump with ball valves (see Figures 12
and 13) features the inlet at the bottom of the diaphragm chambers, and the outlet is at
the top. The top discharge arrangement has the advantage of enabling air or vapors to be
easily expelled from the chambers. Trapped air or vapors in pumps having bottom outlets
can reduce the volumetric displacement of the pumps as the air or vapor is alternately
compressed and expanded, instead of the liquid being displaced. This can be a concern in
low-flow applications requiring relatively high pumping pressure and that handle viscous
liquids. In higher flow applications, a sufficient turbulence is present and air or vapors mix
with the pumped liquid to purge the pumping chambers of the gases.

The performance chart of a typical 2-in (51-mm) air-operated, double-diaphragm pump
(see Figure 14) is similar to that of other pump types but contains air consumption rather
than horsepower consumption. With a constant supply pressure of compressed air, work
and energy relationships in the air chambers, as well as liquid flow losses within the
pump, result in a downward sloping head-capacity curve, similar to a centrifugal pump.
The following are noteworthy features of air-operated diaphragm pumps:

e With the pump shut off, there is no power consumption. Air consumption is
approximately proportional to the flow rate; there is zero air consumption at a zero flow
rate and maximum air consumption at a maximum flow rate. This feature enables
diaphragm pumps to be used in applications where the flow rate must be varied over
a wide range or from no flow to a high flow rate.
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FIGURE 9 Cross-section of an air-operated double-diaphragm pump with flap check valves (Ingersoll-Rand Fluid
Products)

.

MATERIALS OF AIR-OPERATED DIAPHRAGM PUMPS

The pump discharge pressure remains the same for a given capacity and air inlet pres-
sure regardless of the specific gravity of the liquid being pumped. The discharge head
varies with the specific gravity of the pumped fluid, because pressure and not head is
primarily maintained by the air pressure. For centrifugal pumps, the discharge pressure
is directly proportional to the specific gravity of the liquid being pumped, while head is
fixed at a given point on the performance curve. The supplied air pressure, pump flow
rate, and NPSH set the discharge pressure for a given air operated pump, not the head,
which is a characteristic of a centrifugal pump operated at a fixed speed.

The NPSH required for an air-operated diaphragm pump is defined in the same man-
ner as with any reciprocating pump. The NPSH required is determined to occur when
the volumetric efficiency drops by a measurable amount (normally 3%) at a fixed speed
or flow rate.

Check valves for diaphragm pumps are of three types: flap, ball, and poppet (see Figure 15).
Flap valves preferably hang in a vertical position with a horizontal flow through the
valves. Their principle advantage is the capability to handle large objects in suspension.
Flap valves with elastomeric hinges are extensively used. Ball valves are arranged to pro-
vide a vertical flow through the valve seats. Poppet valves are usually guided by a valve
stem and are spring-loaded. The poppet type of valve is not position-sensitive and can
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FIGURE 10 ARO air-operated double-diaphragm pump with flap check valves (Ingersoll-Rand Fluid Products}
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FIGURE 11 Cross-section of an air-operated double-diaphragm pump air motor operation (Ingersoll-Rand Fluid
Products)
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FIGURE 12 Cross-section of an air-operated double-diaphragm pump with ball check valves (Ingersoll-Rand
Fluid Products)

operate in any orientation. Since many diaphragm pumps are used to pump abrasive slur-
ries, the valves usually have elastomeric faces or are elastomeric balls. Large ball check
valves may have metal cores covered by a thick wall of synthetic rubber. They may also be
made of solid rubber, a thermoplastic elastomer, or Teflon®.

Diaphragms are customarily made of fabric-reinforced synthetic rubber, thermoplastic
elastomers, or PTFE. Diaphragm materials include most of the synthetic rubbers: neo-
prene, Buna N, EPR, Viton®, thermoplastic elastomers such as Hytrel® and Santoprene® as
well as Teflon®. Many combinations of pump and diaphragm materials can cover a wide
range of pumped products. For some solvents and aggressive acids or alkalis, Teflon®
diaphragms can be used either directly or as an overlay on the conventional diaphragm.

The diaphragms in air-operated, double-diaphragm pumps are essentially balanced
and act simply as membranes separating the compressed air from the product being
pumped. The only unbalance occurs during the suction stroke of one diaphragm while it
is being pulled by the shaft-connected other diaphragm. When the suction lift is minimal,
the unbalance may be negligible.

Pump case materials include cast iron, aluminum, stainless steel, Carpenter 20,
Hastelloy C, and plastics reinforced with glass or metal fibers.

APPLICATIONS OF AIR-OPERATED DIAPHRAGM PUMPS

General Diaphragm pumps are ideally suited for handling abrasive slurries because 1)
the lquid velocity through the check valves and pumping chambers does not exceed the
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FIGURE 13 ARO air-operated double-diaphragm pump with ball check values {Ingersoll-Rand Fluid Products)
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FIGURE 14 Performance curve for a 2-in air-operated double-diaphragm pump
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FIGURE 15 Three basic types of check valves
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pipeline velocity and 2) the scouring and abrasions from the slurry are minimal. Because
no close-fit sliding or rubbing parts exist and velocities are low, these pumps can be used
for liquids with viscosities up to 50,000 SSU (11,000 cSt). Because the turbulence and mix-
ing are minimal, they are ideally suited for shear-sensitive materials, such as latex.

Pumping Dry Powders Since diaphragm pumps can pump air as well as liquids, they
are used successfully to pump dry powders. The air acts as a fluid medium for the pow-
ders in suspension, and the pump moves the air containing the suspended powder. Some-
times it is necessary to inject air into the powder to lower the apparent specific gravity
and to get the powder into suspension.

Pump Controls An air pressure regulator in the compressed air supply line can con-
trol the pumping pressure. An air line valve can control the pumping rate. Thus, the pres-
sure and capacity are easily controlled. Although air-operated diaphragm pumps are
displacement pumps, they are not positive ones. The maximum pumping pressure cannot
exceed the pressure of the compressed air powering the pumps. Table 1 describes the con-
trol of diaphragm pumps with the features inherent with each drive type.

Liquids Handled and Applications A variety of liquids can be handled by AODPs, yet
the compatibility of pump case materials, valve materials, and diaphragms is the basic
application limitation. Liquids and slurries handled by diaphragm pumps include ceramic
slurry, paint, cement grout, chemicals, glue, resins, petroleum products, driller’s mud, mill
scale, ore concentrates, printer’s ink, sewage, filter aids, latex, waste oils, wood preserva-
tives, core washes, asphaltic coatings, bilge waste, radioactive waste, lapping compounds,
porcelain frit, mine tailings, volatile solvents, coolants with metal fines, varnish, acids,
coatings, soapstone slurries, explosives, lime slurries, yeast, chocolate, and wine. Typical
applications of AODPs include tank and container loading and unloading, fluid filtration,
spray painting, adhesive application, process mixing and batching, cutting oil, machine
coolant, lubrication, sump pumping, dewatering, and waste water treatment.

LIMITATIONS AND ADVANTAGES OF AIR-OPERATED DIAPHRAGM PUMPS.

This section outlines the pros and cons of AODPS. Table 1 also details the controls of the
different types of pumps. The limitations of AODPs are as follows:

TABLE 1 Control of diaphragm pumps

Electro-
Magnetically Mechanically Hydraulically Air-
Feature Driven Driven Driven Operated
Canrundry: Yes Yes Yes Yes
Self-priming: Yes Yes Yes Yes
Discharge Yes No Yes Yes
can be
shutoff
without
damage:
Relief valve No Yes Integral to No
required: pump
Flow Motor speed or Motor speed or Motor speed or ~ Motor
controlied stroke-length stroke-length stroke-length speed or
by: adjustment adjustment adjustment discharge
valve
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* AODPs are not practical for pumping rates above about 300 gpm (1150 £/m).

¢ AQDPs are not manufactured for operating air pressures above 125 lb/in? gauge (8.6
bar). However, some versions are available that increase the pressure ratio by 2:1 or 3:1.

¢ Ice formation in air motors can occur (basic to the physics of operation), but the effect
can be minimized by proper application and design.

¢ Diaphragms have a finite life. Fluids with abrasives and higher process temperatures
can limit a diaphragm’s life, but many material choices are available, including Teflon®,
and several thermoplastic elastomers.

An AODP's advantages are as follows:

¢ They are self-priming from a dry start.

¢ The pumps have an infinitely variable flow rate and pressure-within-pressure and
capacity ranges.

® AODPs have no dynamic seals or packing.
o They can run dry indefinitely.
o The discharge can be throttled to zero flow indefinitely.

® No air is used when the AODP is deadheaded. Electrically driven pumps will consume
a significant portion of the rated power when no demand flow exists.

¢ AODPs are suited for use in hazardous environments (no electric power required).
¢ Power is used in proportion to the pumping rate.

¢ They can be used in confined areas without heat buildup.

® AODPs can pump abrasive slurries and solids in suspension.

® The pumps can handle viscous liquids up to 50,000 SSU (11,000 cSt).

* A minimal degradation of the viscosity of shear-sensitive materials occurs.
¢ They can pump dry powders in air suspension.

¢ No close-fit, sliding, or rotating parts come in contact with liquid.

® No bypass is required as in other displacement pumps.

® When properly maintained, there is zero leakage.

® They are simple to maintain and to repair.

¢ There is no bedplate and no coupling to align.

® AODPs can be used in handling aggressive chemical solutions.

¢ They can handle a wider range of materials than any other type of pump.
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SGREW PUMPS

A.J. PRANG
J. R. BRENNAN
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J. K. LIPPINCOTT

Screw pumps are a special type of rotary positive displacement pump in which the flow
through the pumping elements is truly axial. The liquid is carried between screw threads
on one or more rotors and is displaced axially as the screws rotate and mesh (see Figure 1).
In all other rotary pumps, the liquid is forced to travel circumferentially, thus giving the
screw pump with its unique axial flow pattern and low internal velocities a number of
advantages in many applications where liquid agitation or churning is objectionable.

The applications of screw pumps cover a diversified range of markets including navy,
marine, and utilities fuel oil services; marine cargo; industrial oil burners; lubricating oil
services; chemical processes; petroleum and crude oil industries; power hydraulics for
navy and machine tools; and many others. The screw pump can handle liquids in a range
of viscosities, from molasses to gasoline, as well as synthetic liquids in a pressure range
from 50 to 5000 1b/in? (3.5 to 350 bar) and flows up to 8000 gal/min (1820 m?h).

Because of the relatively low inertia of their rotating parts, screw pumps are capable
of operating at higher speeds than other rotary or reciprocating pumps of comparable dis-
placement. Some turbine-attached lubricating oil pumps operate at 10,000 rpm and even
higher. Screw pumps, like other rotary positive displacement pumps, are self-priming and
have a delivery flow characteristic, which is essentially independent of pressure, provided
there is sufficient viscosity in the liquid being pumped.

Screw pumps are generally classified into single- or multiple-rotor types. The latter is
further divided into timed and untimed categories.

The single-screw or progressive cavity pump (see Figure 2) has a rotor thread that is
eccentric to the axis of rotation and meshes with internal threads of the stator (rotor hous-
ing or body). Alternatively, the stator is made to wobble along the pump centerline.

Multiple-screw pumps are available in a variety of configurations and designs. All
employ one driven rotor in a mesh and one or more sealing rotors. Several manufacturers
have two basic configurations available: single-end (in Figure 3) and double-end (in
Figure 4) construction, of which the latter is the better known.

3.99
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FIGURE 1 Diagrams of screw and gear elements, showing (a) axial and (b) circumferential flow

As with every pump type, certain advantages and disadvantages can be found in a
screw pump design. These should be recognized when selecting the best pump for a parti-
cular application. The advantages of a screw pump design are as follows:

¢ A wide range of flows and pressures

¢ A wide range of liquids and viscosities

¢ High speed capability, allowing the freedom of driver selection

¢ Low internal velocities

e Self-priming, with good suction characteristics

® A high tolerance for entrained air and other gases

* Low velocities for minimum churning or foaming

e Low mechanical vibration, pulsation-free flow, and quiet operation

¢ A rugged, compact design that ig easy to install and maintain

¢ High tolerance to contamination in comparison with other rotary pumps

The disadvantages are as follows:

e A relatively high cost because of close tolerances and running clearances
* Performance characteristics sensitive to viscosity changes

¢ High pressure capability may require long pumping elements

¢ Four sealing points between rotor and casing for timed two-screw design

THEORY

In screw pumps, it is the intermeshing of the threads on the rotors and the close fit of the
surrounding housing that creates one or more sets of moving seals in a series between the
pump inlet and outlet. These sets of seals or locks, as they are sometimes referred to, act

FIGURE 2 The single-screw or progressive cavity pump
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FIGURE 3 Multiple-screw single-end arrangement

as a labyrinth and provide the screw pump with its positive pressure capability. The suc-
cessive sets of seals form fully enclosed cavities (see Figure 5) that move continuously from
inlet to outlet. These cavities trap liquid at the inlet and carry it along to the outlet, pro-
viding a smooth flow.

Delivery Because the screw pump is a positive displacement device, it will deliver a def-
inite quantity of liquid with every revolution of the rotors. This delivery can be defined in
terms of displacement volume V), which is the theoretical volume displaced per revolu-
tion of the rotors and is dependent only upon the physical dimensions of the rotors. It is
generally measured in cubic inches (cubic millimeters) per revolution. This delivery can
also be defined in terms of theoretical capacity or flow rate @, measured in U.S. gallons per
minute (cubic meters per hour), which is a function of displacement and speed N in rpm:

. VN
In USC units: Q = 931
In SI units: Q =6x10"°V,N

If no internal clearances existed, the pump’s actual delivered or net flow rate @ would
equal the theoretical flow rate. Clearances, however, do exist with the result that when-
ever a pressure differential occurs, there will always be internal leakage from outlet to
inlet. This leakage, commonly called slip S, varies depending upon the pump type or
model, the amount of clearance, the liquid viscosity at the pumping conditions, and the

FIGURE 4 Mutliple-screw double-end arrangement
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FIGURE 5 Axially moving seals and cavities. Alternate cavities filled with oil shown below (Imo Pump)

differential pressure. For any given set of these conditions, the slip for all practical pur-
poses is unaffected by speed. The delivered flow rate or net flow rate therefore is the theo-
retical flow rate less the slip: @ = @, — S. If the differential pressure is almost zero, the slip
may be neglected and @ = @,

The theoretical flow rate of any pump can readily be calculated if all essential dimen-
sions are known. For any particular thread configuration, assuming geometric similarity,
the size of each cavity mentioned earlier is proportional to its length and cross-sectional
area. The thread pitch measured in terms of the same nominal diameter, which is used in
calculating the cross-sectional area (see Figure 6), defines the length. Therefore, the volume
of each cavity is proportional to the cube of this nominal diameter, and the pump’s theo-
retical flow rate is also proportional to the cube of this nominal diameter and the speed of
rotation N (rpm):

Q. = kD'N
or, bringing the pitch into evidence,
Q, = k, x pitch x D*N.

From Figure 6, where pitch = KD, it follows that %2 = k, K.

Thus, for a given geometry, it can be seen that a relatively small increase in pump size
can provide a large increase in flow rate.

Slip can also be calculated,? but usually it depends upon empirical values developed
by extensive testing. These test data are the basis of the design parameters used by every

PITCH =KD

K AND n = CONSTANTS te— LENGTH OF ONE CAVITY~#!
FIGURE 8 Screw-thread proportions, showing lead, diameters, and cavity length
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pump manufacturer. Slip generally varies approximately as the square of the nominal
diameter. The net flow rate therefore is

Q =kD°N - S

Pressure Capabliity As mentioned earlier, screw pumps can be applied over a wide
range of pressures, up to 5000 lb/in? (345 bar), provided the proper design is selected.
Internal leakage must be restricted for high-pressure applications. Close-running clear-
ances and high accuracy of the conjugate rotor threads are requirements. In addition, an
increased number of moving seals between the inlet and outlet are employed, as in classic
labyrinth-seal theory. The additional moving seals are obtained by a significant increase
in the length of the pumping elements for a given size of rotor and pitch. Here the mini-
mum pump length is sacrificed in order to gain pressure capability.

The internal leakage in the pumping elements resulting from the differential pressure
between the outlet and inlet causes a pressure gradient across the moving cavities. The
gradient is approximately linear (see Figure 7) when measured at any instant. Actually,
the pressure in each moving cavity builds up gradually and uniformiy from inlet to outlet
pressure as the cavities move toward the outlet. In effect, the pressure capability of a
screw pump is limited by the allowable pressure rise across any one set of moving seals.
This pressure rise is sometimes referred to as pressure per closure or pressure per lock and
generally is of the order of 125 to 150 1b/in? (8.6 10 10.3 bar) with normal running clear-
ances, but it can go as high as 500 1b/in? (35 bar) when minimum clearances are employed.

The above analysis is used in the design of pumps for handling liquid products where
there are sufficient lubricating properties in the liquid to allow the screws to contact the
bores of the casing. However, when handling products containing significant amounts of
dissolved and/or entrained gas, it is preferable to have no rubbing contact between the
rotating elements and the casing bores. For these pumps, the rotors are relatively short
and stiff to ensure there is no rotor to bore contact with the lower-viscosity, gas-laden mul-
tiphase fluids.

Design Concepts The pressure gradient in the pump elements of all the types of screw
pumps produces various hydraulic reaction forces. The mechanical and hydraulic tech-
niques employed for absorbing these reaction forces are among the fundamental differ-
ences in the types of screw pumps produced by various manufacturers. Another
fundamental difference lies in the method of engaging, or meshing, the rotors and main-
taining the running clearances between them. Two basic design approaches are used:

¢ The timed rotors approach relies upon an external means for phasing the mesh of the
threads and for supporting the forces acting on the rotors. In this concept, theoretically,
the threads do not come into contact with each other or with the housing bores in which
they rotate (refer to Figure 4).

* The untimed rotors approach relies on the precision and accuracy of the screw forms
for the proper mesh and transmission of rotation. They utilize the housing bores as
journal bearings supporting the pumping reactions along the entire length of the rotors
(refer to Figure 3).

QUTLET
PRESSURE %

INLET PRESSURE
ROTOR LENGTH (CLOSURES)

FIGURE 7 Pressure gradient along a screw set
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Timed screw pumps require separate timing gears between the rotors and separate
support bearings at each end to absorb the reaction forces and maintain the proper clear-
ances. Untimed screw pumps do not require gears or external bearings and thus are con-
siderably simpler in design.

CONSTRUCTION

Basic Types As indicated in the introduction, three major types of screw pumps exist:

¢ Single-rotor
e Multiple-rotor timed
e Multiple-rotor untimed

The second and third types are available in two basic arrangements, single-end and
double-end. The double-end construction (see Figure 8) is probably the best-known ver-
sion, as it has been by far the most widely used for many years because of its relative sim-
plicity and compactness of design.

Double-End Screw Pumps The double-end arrangement is basically two opposed,
single-end pumps or pump elements of the same size with a common driving rotor that
has an opposed, double-helix design with one casing. As can be seen from Figure 8, the fluid
enters a common inlet with a split flow going to the outboard ends of the two pumping
elements and is discharged from the middle or center of the pump elements. The two
pump elements are, in effect, pumps connected in parallel. The design can also be pro-
vided with a reversed flow for low-pressure applications. In either of these arrangements,
all axial loads on the rotors are balanced, as the pressure gradients in each end are equal
and opposite.

The double-end screw pump construction is usually limited to low- and medium-
pressure applications, with 400 1b/in* (28 bar) being a good practical limit to be used for
planning purposes. However, with special design features, applications up to 1400 1b/in?
(97 bar) can be handled. Double-end pumps are generally employed where large flows are
required or where very viscous liquids are handled.

Single-End Screw Pumps All three types of screw pumps are offered in the single-end
construction. As pressure requirements in many applications have been raised, the single-
end design has come into much wider use because it provides the only practical means

FIGURE 8 Double-end pump. Flow path provides axial balance (Imoe Pump)
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FIGURE 9 Increasing pump pressure capability by modular design (Imo Pump)

for obtaining the greatest number of moving seals necessary for high-pressure capabili-
ties. The main penalties of the single-end pump are the requirement and complexity of
balancing the axial loads.

The single-end construction is most often employed for handling low-viscosity fluids at
medium-to-high pressures or hydraulic fluids at very high pressures. The single-end
design for high pressures is developed by literally stacking a number of medium-pressure,
single-end pumping elements in a series within one pump casing (see Figure 9). The single-
end construction also offers the best design arrangement for quantity manufacturing.

Special mention must be made of the single-end, single-rotor design (see Figure 10).
The pump elements of this design consist of only a stator and one rotor. The stator has a
double-helix internal thread and is constructed of hard chrome stainless or tool steel mate-
rial. One version of this design uses internally developed pressure in the pump to com-
press the elastomeric stator on the rotor, thus maintaining minimum running clearances.

FIGURE 10 Single-rotor pump (Robbins-Meyers)
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FIGURE 11 Axial balancing of power and idler rotors

In most single-end designs, special axial balancing arrangements must be used for
each of the rotors, and, in this respect, the design is more complicated than the double-end
construction. For smaller pumps, strictly mechanical thrust bearings can be used for dif-
ferential pressures up to 150 lb/in? (10.3 bar), while hydraulic balance arrangements are
used for higher pressures. For large pumps, hydraulic balance becomes essential at pres-
sures above 50 lb/in? (3.5 bar).

Hydraulic balance is provided through the balance piston (see Figure 11) mounted on
the rotors between the outlet and seal or bearing chambers, which are at inlet pressure.
This piston is exposed to discharge pressure in the outlet chamber and is equal in area to
the exposed area of the driven rotor threads; thus, the hydraulic forces on the rotor are
canceled out.

Timed Design Timed screw pumps having timing gears and rotor support bearings are
furnished in two general arrangements: internal and external. The internal version has
both the gears and the bearings located in the pumping chamber and the design is rela-
tively simple and compact (see Figure 12). This version is generally restricted to the han-
dling of clean lubricating fluids, which serve as the only lubrication for the timing gears
and bearings.

The external timing arrangement is the most popular and is extensively used. It has
both the timing gears and the rotor support bearings located outside the pumping chamber
(see Figure 13). This type can handle a complete range of fluids, both lubricating and non-
lubricating, and, with proper materials, has good abrasion resistance. The timing gears
and bearings are oil-bath-lubricated from an external source. This arrangement requires
the use of four stuffing boxes or mechanical seals, as opposed to the internal type, which
employs only one shaft seal.

The main advantage of the timed screw pump is that the timing gears transmit power
to the rotors with no contact between the screw threads, thus promoting long pump life.
The gears and rotors are timed at the factory to maintain the proper clearance between
the screws. With certain designs and loading characteristics, the bearings at each end of

FIGURE 12 Double-end internal gear design (Flowserve Corporation)
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FIGURE 13 Double-end external gear design (Warren)

the rotating elements can support the rotors so that they do not come in contact with the
housing; hence, no liner is required. One set of these bearings also positions and supports
the timing gears. Under more heavily loaded conditions, the body bores act as sleeve bear-
ings and provide additional support for the rotors.

The timing gears can be either spur or helical, herringbone, hardened-steel gears with
tooth profiles designed for efficient, quiet, positive drive of the rotors. Antifriction radial
bearings are usually of the heavy-duty roller type, while the thrust bearings, which posi-
tion the rotors axially, are either double-row, ball-thrust or spherical-roller types.

The housing can be supplied in a variety of materials, including cast iron, ductile iron,
cast steel, stainless steel, and bronze. In addition, the rotor bores of the housing can be
lined with industrial hard chrome for abrasion resistance.

Since the rotors are not generally in metallic contact with the housing or with one
another, they can also be supplied in a variety of materials, including cast iron, heat-
treated alloy steel, stainless steel, Monel, and nitralloy. The outside of the rotors can also
be furnished with a variety of hard coating materials such as nickel-based alloys, tungsten
carbide, chrome oxide, or ceramic.

Untimed Design The untimed type of screw pump has rotors that have generated
mating-thread forms that enable any necessary driving force to be transmitted smoothly
and continuously between the rotors without the use of timing gears. The rotors can be
compared directly with precision-made helical gears with a high helix angle. This design
usually employs three rotor screws with a center or driven rotor that meshes with two
close-fitting sealing or idler rotors symmetrically positioned about the central axis (see
Figure 14). A close-fitting housing provides the only transverse bearing support for both
driven and idler rotors.

The use of the rotor housing as the only means for supporting idler rotors is a unique
feature of the untimed screw pump. No outboard support bearings are required on these
rotors. The idler rotors in their related housing bores are, in effect, partial journal bearings
that generate a hydrodynamic film. The key parameters of rotor size, clearance, surface
finish, speed, fluid viscosity, and bearing pressure are related as in a journal bearing.
Because, in this design, the screws transmit the driving torque to the idlers and because
the casing bores support the rotors, the pumped fluid must have some lubricating properties.
This prevents this pump design from being used in applications with any solids, abrasives
or gas in the pumpage.
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FIGURE 14 Single-end design (Roper)

Since the idler rotors are supported by the bores along their entire length, no signifi-
cant bending loads are applied to them. The central driven rotor is also not subjected to
any significant bending loads because of the symmetrical positioning of the idler rotors
and the use of two threads on all the rotors (see Figure 15). This is quite different from the
two-rotor design common to the timed type where the hydraulic forces generated in the
pump create bending loads on the intermeshing pairs of screws.

In contrast to timed pumps, the untimed design, with its absence of timing gears and
bearings, appears very simple, but its success depends entirely upon the accuracy and fin-
ish of the rotor threads and rotor housing bores. Special techniques and machine tools
have been developed to manufacture these parts. The combination of design simplicity and
manufacturing techniques has enabled this design to be used for very long rotor lengths,
with a multiplicity of sealing closures, for applications up to 5,000 1b/in? (350 bar).

In special applications handling highly aerated oils, a four-rotor design is sometimes
employed in the untimed type. Three idler rotors are equally spaced radially at 120°
around the driven rotor. This design is not truly a positive displacement pump, and it falls
outside the scope of this section.

The rotors in untimed pumps are generally made of gray or ductile iron or carbon steel.
The thread surfaces are often hardened for high pressure and abrasive resistance. Flame
hardening, induction hardening, and nitriding are currently used. Through-hardened tool
steel or stainless steel can be used in some critical applications.

Rotor housings, or liners, are made of gray pearlitic iron, bronze, or aluminum alloy. In
many instances, the bores as well as the rotors can be treated by the application of dry
lubricant or toughening coatings. The pump casings are made of gray iron or ductile iron
or cast steel where shock or other safety requirements demand it.

In many untimed designs, an antifriction bearing is employed on the shaft end of the
driven rotor (refer to Figure 9) to provide precise shaft positioning for mechanical seal and

FIGURE 156 Force diagram on rotor set
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coupling alignment. This bearing can be either an external grease-sealed bearing or an
internal type with the pumped fluid providing the lubrication. The bearing also supports
overhung loads with belt or gear drives.

Seals As with any rotary pump, the sealing arrangement for the shafts is important and
is often critical. Every type of rotary seal has been used in screw pumps at one time or
another. Except for canned or sealless arrangements, all types of pumps require at least
one rotary seal on the drive shaft. The timed screw pumps with external timing and bear-
ings require additional seals at each rotor end to separate the pumped fluid from the lubri-
cating oil necessary for the gears and bearings.

For drive shafts, rotary mechanical seals as well as stuffing boxes or packings are used,
depending on the manufacturer and/or customer preference. Double back-to-back arrange-
ments or tandem mounted seals with a flushing liquid are sometimes used for very viscous
or corrosive substances.

Many different sealing face materials such as carbon, bronze, cast iron, Ni-resist, car-
bides, or ceramics are used, along with different secondary elastomer seals of various
materials chosen to suit the application. Balanced and nonbalanced seals can also be used to
handle significant pressures. In some pump designs, the seals are subjected to only the
suction pressure, while in other designs the seals must seal against the full discharge
pressure. In spite of these advantages, the stuffing box is still preferred by some users. The
stuffing box requires regular maintenance and tightening, which many users find objec-
tionable, but a mechanical seal failure usually results in a major shutdown,

PERFORMANCE

Performance considerations of screw pumps are closely related to applications, and so any
discussion must cover both. In the application of screw pumps, certain basic factors must
be considered to ensure a successful installation. These are fundamentally the same
regardless of the liquids to be handled or the pumping conditions.

In most cases, the pump selection for a specific application is not difficult if all the ope-
rating parameters are known. It is often quite difficult, however, to obtain this informa-
tion, particularly inlet conditions and fluid viscosity. It is a common feeling that, inasmuch
as the screw pump is a positive displacement device, these items are unimportant.

In any screw pump application, regardless of design, suction lift, viscosity, and speed
are inter related. Generally, low operating speeds are required for high-viscosity fluids
while higher speeds are possible with lower-viscosity fluids.

Inlet Conditions The key to obtaining good performance from a screw pump, as with
all other positive displacement pumps, lies in a complete understanding and control of
inlet conditions and the closely related parameters of speed and viscosity. To ensure quiet,
efficient operation, it is necessary to completely fill the moving cavities between the rotor
threads with liquid as they open to the inlet, and this becomes more difficult as the vis-
cosity, speed, or suction lift increases. It can be said that, if the liquid can be properly intro-
duced into the rotor elements, the pump will perform satisfactorily.

It must be remembered that a pump does not pull or lift liquid into itself. Some exter-
nal force must be present to push the liquid into the rotor threads initially. Normally,
atmospheric pressure is the only force present, but in some applications a positive inlet
pressure is available.

As with centrifugal pumps, the concept of NPSH required by the pump is used to
ensure that there is sufficient pressure available at the inlet to fill the rotor cavities and
suppress cavitation at the inlet. With rotary pumps this is sometimes referred to as Net
Inlet Pressure Required.

Since the purpose of the NPSH available is to fill the moving inlet cavities with liquid,
it is apparent that the faster the pump is operated the greater is the amount of NPSH that
is required.
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Fluids and Vapor Pressure In many cases, screw pumps handle a mixture of liquids
and gases, and therefore the general term fluid is more descriptive. Most of these fluids,
especially petroleum products because of their complex nature, contain certain amounts of
entrained and dissolved air or some other gas, which is released as a vapor when the fluid
is subject to reduced pressures. If the pressure drop required to overcome entrance losses
is sufficient to reduce the static pressure significantly, vapors are released in the rotor
cavities and cavitation results.

In all screw pump applications, the absolute static pressure must never be allowed to
drop below the vapor pressure of the fluid. This will prevent vaporization or cavitation.
Cavitation, as mentioned previously, results when fluid vaporizes in the pump inlet
because of incomplete filling of the pump elements and a reduction of pressure. Under
these conditions, vapor bubbles, or voids, pass through the pump and collapse as each
moving cavity moves into a domain of higher pressure. The result is noisy vibrations, the
severity depending on the extent of vaporization or the incomplete filling and the magni-
tude of the discharge pressure. Since the cavitation bubbles occupy space normally taken
by liquid, the output flow rate is reduced by this amount. It is therefore important to be
fully aware of the characteristics of entrained and dissolved air as well as of the vapor
pressure of the fluid to be handled. This is particularly true when a suction lift exists.

Net Positive Suction Head The suction conditions of screw pumps are normally
defined by the Net Positive Suction Head (NPSH) available at the pump inlet. In some
cases with systems open to the atmosphere, the inlet conditions can also be defined as suc-
tion lift. Suction lift occurs when the total available pressure at the pump inlet is below
the atmospheric pressure and is normally the result of a change in elevation and pipe fric-
tion. Since atmospheric pressure at sea level corresponds to 14.7 1b/in? (1 bar) absolute,
or 30 in Hg (762 mm Hg), in a system with the suction open to the atmosphere, this is the
maximum amount of pressure available for moving the fluid, and suction lift cannot
exceed these figures. In practice, the available pressure is lower because some of it is used
up in overcoming friction in the inlet lines, valves, and fittings. It is considered the best
practice to keep the suction lift as low as possible to ensure that an adequate NPSH is
available to fill the suction cavities of the pumping screw. In all cases, the system NPSHA
(available) should be greater than the pump NPSHR (required).

The NPSHA for a screw pump is calculated in the same way as for a centrifugal pump
and the same basic application guidelines apply. The pump manufacturers test their
pumps and measure the NPSHR (required) under various operating conditions. The end
user must understand the suction pressure required and ensure that there is sufficient
NPSHA (available) to suppress the cavitation. Generally the NPSHA should be at least
3 ft (1 m) greater than the NPSHR to provide a reliable application.

Many screw pumps operate with suction lifts of approximately 5 to 15 in Hg (127 to 381
mm Hg). Lifts corresponding to 24 to 25 in Hg (610 to 635 mm Hg) are not uncommon, and
installations can operate satisfactorily when the absolute suction pressure is much lower.
In the latter cases, however, the pumps usually take the fluid from tanks under a vacuum,
and no entrained or dissolved air or gases are present. Great care must be taken when
selecting pumps for these applications since the inlet losses can easily exceed the net suc-
tion head available for moving the fluid into the pumping elements.

The defining of suction requirements by the user and the stating of pump suction capa-
bilities by the manufacturer have always been complex problems. In many cases, the
NPSHA is difficult to predict due to changes in the fluid characteristics and the operating
conditions. In addition, the NPSH required by the pump is a function of many variables,
such as pump design, fluid characteristics, and operating conditions. If the operating con-
ditions can be accurately defined, the pump manufacturers can predict the NPSHR and in
many cases can provide pump modifications that can minimize the NPSHR.

To enable the pump manufacturer to offer the most economical selection and also
assure a quiet installation, accurate suction conditions should be clearly stated. Specify-
ing a lower NPSHA than actually exists may result in selection of a pump that operates
at a lower speed than necessary. This means not only a larger and more expensive pump,
but also a costlier driver. If the NPSHA is lower that stated, the outcome could be a noisy
pump installation.
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Many known instances of successful installations exist where screw pumps were pro-
perly selected for low NPSHA conditions. Unfortunately, many other installations with
equally low NPSHAs exist, which are not so satisfactory. This is because proper consider-
ation was not given at the time the pump was specified and selected to the actual suction
conditions at the pump inlet. Frequently, suction conditions are given as “flooded” simply
because the source feeding the pump is above the inlet. In many cases, no consideration is
given to outlet losses from the tank or to pipe friction in the inlet lines, and these can be
exceptionally high in the case of viscous liquids.

When it is desired to pump extremely viscous products, care should be taken to use the
largest feasible size of suction piping to eliminate all unnecessary fittings and valves, and
to place the pump as close as possible to the source of the supply. In addition, it may be
necessary to supply the liquid to the pump under some pressure, which can be supplied by
elevation, air pressure, or mechanical means. These actions will provide the maximum
NPSH possible to the pump inlet.

Entrained and Dissolved Air Although screw pumps can handle significant quantities
of gas as discussed in the later multiphase section, entrained or dissolved gas in a pump
system designed only for liquids can create a problem and must be considered in the appli-
cation. This is particularly true of installations where recirculation occurs and the fluid is
exposed to air through either mechanical agitation, leaks, or improperly located drain lines.

Most liquids will dissolve air or other gases retaining them in the solution, the amount
being dependent upon the liquid itself and the pressure to which it is subjected. It is
known, for instance, that lubricating oils at atmospheric temperatures and pressures will
dissolve up to 10% air by volume and that gasoline will dissolve up to 20%. When pressures
below the atmosphere exist at the pump inlet, dissolved air will come out of the solution.
Both this and the entrained air will expand in proportion to the existing partial pressure
of the air (= absolute pressure minus the vapor pressure of the liquid). This expanded air
will accordingly take up a proportionate part of the available volume of the moving cavi-
ties, with a consequent reduction in delivered flow rate.

One of the apparent effects of handling liquids containing entrained or dissolved gas is
noisy pump operation. When such a condition occurs, it is usually dismissed as cavitation.
This should not be the case, particularly with screw pumps. With properly designed sys-
tems and pumps, quiet, vibration-free operation can be produced and should be expected.
Noisy operation is inefficient; steps should be taken to make corrections until the objec-
tionable conditions are overcome. Correct system inlet designs and optimized pump
designs with a proper speed selection can go a long way toward overcoming the problem.

In some applications, the amount of gas can be significant and can make up the major-
ity of the fluid volume. See the later section on handling special multiphase applications.

Viscosity Ttisnot often that a screw pump is called upon to handle liquids at a constant
viscosity. Normally, because of temperature variations, a wide range of viscosities will be
encountered. For example, a pump may be required to handle a viscosity range from 150
to 20,000 SSU, the higher viscosity usually resulting from cold-starting conditions. This is
a perfectly satisfactory range for a screw pump, but a better and a more economical selec-
tion may be possible if additional information can be obtained. This information includes
such things as the amount of time the pump is required to operate at the higher viscosity,
whether the motor can be overloaded temporarily, whether a multi-speed motor can be
used, and if the discharge pressure will be reduced during the period of high viscosity.

Quite often, only the type of liquid is specified, not its viscosity, and assumptions must
be made for the operating range. For instance, Bunker C or No. 6 fuel oil is known to have
a wide range of viscosity values and usually must be handled over a considerable temper-
ature range. The normal procedure in a case of this type is to assume an operating viscos-
ity range of 20 to 700 SSF. The maximum viscosity, however, might easily exceed the
higher value if extra-heavy oil is used or if exceptionally low temperatures are encoun-
tered. If either should occur, the result may be improper filling of the pumping elements,
noisy operation, vibration, and overloading of the motor.

Although it is the maximum viscosity and the expected NPSHA that are used to deter-
mine the size of the pump and to set the speed, it is the minimum viscosity that affects the
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capacity. Screw pumps must always be selected to give the specified capacity when handling
the expected minimum viscosity since this is the point at which the maximum slip, and hence
minimum flow rate, occurs (see Figure 16). It should also be noted that the minimum visco-
sity often determines the selection of the pump model because most manufacturers have spe-
cial lower-pressure ratings for handling liquids having a viscosity of less than 100 SSU.

Non-Newtonian Liquids The viscosity of most liquids is unaffected by any agitation or
shear to which they may be subjected as long as the temperature remains constant. These
liquids are accordingly known as true or Newtonian liquids, for which the viscosity is con-
stant. Another class of liquids, however, such as cellulose compounds, glues, greases,
paints, starches, slurries, and candy compounds, displays changes in viscosity as agita-
tion is varied at constant temperature. The viscosity of these substances depends upon
the shear rate at which it is measured, and these fluids are termed non-Newtonian.

If a substance is known to be non-Newtonian, the expected viscosity under the actual
pumping conditions should be determined, because it can vary quite widely from the vis-
cosity under static conditions. Since a non-Newtonian substance can have an unlimited
number of viscosity values (as the shear rate is varied), the term apparent viscosity is used
to describe its viscous properties. The apparent viscosity is expressed in absolute units and
is a measure of the resistance to the flow at a given shear rate. It has meaning only if the
shear rate used in the measurement is also given.

The grease-manufacturing industry is very familiar with the non-Newtonian proper-
ties of its products, as evidenced by the numerous curves that have been published of the
apparent viscosity plotted against the rate of shear, The occasion is rare, however, when
one can obtain accurate viscosity information when it is necessary to select a pump for
handling these products.

It is practically impossible in most instances to give the viscosity of grease in the terms
most familiar to the pump manufacturer, such as Saybolt Seconds Universal or Saybolt
Seconds Furol, but only a rough approximation would be of great help. For applications of
this type, data taken from similar installations are most helpful. Such information should
consist of the type, size, flow rate, and speed of the installed pumps; the suction pressure;
the temperature at the pump inlet flange; the total working suction head; and, above all,
the pressure drop in a specified length of piping. From the latter, a satisfactory approxi-
mation of the effective viscosity under the operating conditions can be obtained.

If accurate shear rate-viscosity data are available, they can be used to more accurately
predict pump performance. The shear rates in various areds of the pump can be calculated
to determine the viscosity changes of the liquid as it passes through the pump. In this way,
the effect on suction loss, slip, and friction loss can be analyzed to help predict the NPSH,
flow rate, and power.

Speed It was previously stated that viscosity and speed are closely tied together and
that it is impossible to consider one without the other. Although rotative speed is the
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ultimate outcome, the basic speed that the manufacturer must consider is the internal
axial velocity of the liquid going through the rotors. This is a function of pump type, design,
and size.

Rotative speed should be reduced when handling liquids of high viscosity. The reasons
for this are not only the difficulty of filling the pumping elements, but also the mechanical
losses that result from the shearing action of the rotors on the substance handled. The
reduction of these losses is frequently of more importance than relatively high speeds,
even though the latter might be possible because of positive inlet conditions.

Capacity The delivered flow rate (capacity) of any screw pump, as stated earlier, is the
theoretical capacity less the internal leakage, or the slip, when handling vapor-free liquids.
For a particular speed, @ = @, — S, where the standard unit of @ and S is the U.S. gallon
per minute (cubic meter per minute).

The delivered capacity of any specific rotary pump is reduced by

® Decreasing speed
® Decreased viscosity
® Increased differential pressure

Because of the internal clearances between rotors and their housing, lower viscosities
and higher pressures increase the slip, which results in a reduced flow rate for a given
speed. The impact of these characteristics can vary widely for the various types of pumps.
The slip, however, is not measurably affected by changes in speed and thus becomes a
smaller percentage of the total flow at higher speeds. This is a significant factor in the han-
dling of low-viscosity fluids at higher pressures, particularly in the case of untimed screw
pumps that favor high speeds for the best results and best volumetric efficiency. This will
not generally be the case with pumps having support-bearing speed limits.

Pump volumetric efficiency E, is calculated as

Q_Q-S
E = — =< __
fQ Q
with @, varying directly with speed. As stated previously, the theoretical capacity of a
screw pump varies directly as the cube of the nominal diameter. Slip, however, varies
approximately with the square of the nominal diameter. Therefore, for a constant speed
and geometry, doubling the rotor size will result in an eightfold increase in theoretical flow
rate and only a fourfold increase in slip. It follows therefore that the volumetric efficiency
improves rapidly with increases in the rotor size, assuming the internal clearances can be
maintained.

On the other hand, viscosity changes affect the slip inversely in a complex manner that
depends on pump size, speed, and the level of the viscosity itself. Testing or advanced
analysis is required to establish this relationship.! However, for a given viscosity in the
range of 100 to 10,000 SSU an acceptable approximation is that slip varies approximately
with the differential pressure. Thus, in this case, a change from 100 to 200 Ib/in? (7 to 14 bar)
would double the slip.

Figure 17 shows typical results for flow rate and volumetric efficiencies as functions of
pump size.

Pressure Screw pumps do not in themselves create pressure; they simply transfer a
quantity of fluid from the inlet to the outlet side. The pressure developed on the outlet
side is solely the result of resistance to the flow in the discharge line. The slip character-
istic of a particular pump type and model is one of the key factors that determine the
acceptable operating range, and it is generally well defined by the pump manufacturer.

Power The brake horsepower (bhp), or, in SI units, the brake kilowatts, required to drive
a screw pump is the sum of the theoretical liquid horsepower (kilowatts) and the internal
power losses. The theoretical liquid power twhp (tkW) is the actual work done in moving
the fluid from its inlet pressure condition to the outlet at the discharge pressure.
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FIGURE 17 Typical variations of flow rate and volumetric efficiency as functions of pump size

Note that this work is done on all the fluid of the theoretical capacity, not just the deliv-
ered capacity, as the slip does not exist until a pressure differential DP occurs. Screw pump
power ratings are expressed in terms of horsepower (550 ft-1bf/sec) in USCS units and in
terms of kilowatts in SI units. The theoretical liquid horsepower (kilowatts) can be calcu-
lated as follows:

AP
twhp = Q (

QAP
1714

mW=—%

It should be noted that the theoretical liquid horsepower (kilowatts) is independent of
the viscosity and is a function only of the physical dimensions of the pumping elements,
the rotative speed, and the differential pressure.

The internal power losses are of two types: mechanical and viscous. The mechanical
losses include all the power necessary to overcome the frictional drag of all the moving
parts in the pump, including rotors, bearings, gears, and mechanical seals. The viscous
losses include all the power lost from the fluid drag effects against all the parts in the
pump as well as from the shearing action of the fluid itself. It is probable that the mechan-
ical loss is dominant when operating at low viscosities and high speeds, and the viscous
loss is the larger of these two losses at high-viscosity and slow-speed conditions.

In general, the losses for a given type and size of pump vary with the viscosity and the
rotative speed and may or may not be affected by pressure, depending upon the type and
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model of pump under consideration. These losses, however, must always be based upon the
maximum viscosity to be handled since they will be highest at this point.

The actual pump power output, whp (wkW), or the delivered liquid horsepower (kilo-
watts), is the power imparted to the liquid by the pump at the outlet. It is computed sim-
ilarly to theoretical liquid horsepower (kilowatts) using @ in place of @,. Hence, the value
will always be less. The pump efficiency E, is the ratio of the pump power output to the
brake horsepower (see Figure 18).

In many cases the efficiency of the pump is not that significant, since there may be
only a few pumps capable of handling high viscosity and difficult fluids. The main require-
ment is to provide a reliable equipment package that is capable of meeting the specified
requirements.

SPECIAL MULTIPHASE APPLICATIONS

Screw pumps have been used with gas-entrained applications for many years, but recent
process changes in oil field technologies have created requirements for pumping multi-
phase fluids, containing more than just nominal amounts of gases. In many oil well appli-
cations, the liquid oil flow eventually degenerates into all sorts of difficult multiphase
mixtures of oil, gas, water, and sand. In the past, it was common for the gas to be separated
and flared off at the well head with only the liquid product to be retained for further pro-
cessing. If the gas is to be processed as well, separators, compressors, and dual pipelines
are required to handle the gas phase. Therefore, a pump, which can handle these difficult
liquids with high gas content, can save significant equipment costs as well as operating
costs. Under various conditions, the well output can vary from 100% liquid to 100% gas
and all possible combinations. The applications also require the pumping equipment to be
able to switch rapidly between the extremes or to handle slugs of liquid or gas, while main-
taining the full discharge pressure. Since these applications involve solid contaminants,
internal bearing and non timed pump designs are not suitable. The single rotor design
with elastomer stator has proven suitable for lower pressure applications while the timed
two-screw type of pump has been proven capable of pumping these multiphase products
at higher pressues.”
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Oil well applications can include traditional on-shore sites as well as off-shore platform
installations. Subsea installations are also being used to reduce the high costs of equip-
ment and operation of traditional oil platforms. In these applications, the pumping equip-
ment is mounted on the sea bed with piping running to floating production, storage and
off-loading facilities or to onshore gathering facilities. Although the actual pumping con-
ditions are similar to surface installations, the installation and operating environments
are far more challenging.

When pumping multiphase products with high gas void fractions (GVF), the pump
must be designed with a small pitch to provide a sufficient number of locks. The key to
pumping multiphase products is to ensure that some liquid is always available to seal the
screw clearances and reduce the slip. Even a small amount of recirculated liquid is suffi-
cient to provide this seal and enable the screw pump to operate with GVF-values
approaching 100%. Depending on a number of factors, the volume of liquid required to seal
and cool the screws can be two to five percent of the total inlet volume flow rate. In order
to ensure that sufficient liquid is available at conditions of high GVF, a separate liquid
flush can be provided or a trapping type of pump casing can be used. This type of casing
has the suction and discharge openings located on the upper side of the casing to trap the
liquid inside the screw chambers to seal the screw clearances. In some cases, some of the
liquid portion is separated from the multiphase mixture being pumped. This separated lig-
uid can then be recirculated back to the screws and mechanical seals to provide sealing
and cooling liquid at times when the product is almost all gas. Figure 19 shows a special
screw pump designed for multiphase applications with a casing designed to trap the liquid
inside the casing bores to seal the screw clearances.?

When pumping liquids, the slip through the internal clearances increases with the dif-
ferential pressure and decreases with increasing viscosity. However, in multiphase appli-
cations, as the GVF increases, the slip decreases until the inlet volume flow rate is equal to
the pump displacement. This results in an almost constant inlet volume flow rate, regardless
of the differential pressure. This performance can be explained by examining the pressure
drop of the multiphase product across the finite clearances. This theoretical analysis con-
firms that a small amount of liquid in the clearances will effectively seal these clearances
and reduce the slip to near zero. Figure 20 shows the typical performance characteristics for
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FIGURE 19 Special screw pump for multiphase applications (Flowserve Corporation)
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FIGURE 20 Typical performance of a screw pump on multiphase fluid (m%h = gpm/4.403; MPa = psi/145.04}

a screw pump in a multiphase application when pumping mixtures of air and water at
various GVF values.'*

Tt should be emphasized that screw pumps must be sized for the inlet volume condi-
tions. Since the gas portion of the multiphase product is compressible, the inlet pressure
and temperature conditions must be known in order to calculate the gas volume. The
pump will ingest a fixed volume of product and the amount of liquid being pumped will
depend on how much of this volume is being displaced by gas at the inlet to the screws.

When pumping higher GVF multiphase products some significant design changes
must be made to the serew pumps to improve reliability and ensure proper pumping
action. The normal practice used with viscous liquid pumping of using the casing bores to
help support the rotor loads is not used with multiphase liquids due to the lower liquid vis-
cosity, the high percentage of gas and the entrained sand and other contaminants present
in oil field applications. As a result, pumps for multiphase applications are generally
designed with stiffer rotors so that the rotors do not contact the casing bores. This design
change is accomplished by using larger diameter shafts with shorter bearing spans. The
integral shaft and rotor design used by some manufacturers significantly increases the
rotor stiffness and minimizes the rotor deflection under load.

Another design feature used for multiphase applications involves limiting the pitch of
the screws to ensure there are sufficient screw locks available to generate the pressure
rise and produce a more gradual pressures rise across the screw length. Since the volume
of the gas is compressed as the multiphase fluid moves through the screw passages, any
large volume changes will result in pressure pulsations and resulting damaging vibration.
A general guideline for higher pressure multiphase applications requires a minimum of
three screw locks in order to minimize the pressure pulsations. In multiphase applications
the maximum pressure rise occurs in the last lock when it opens to the full discharge pres-
sure of the pump. Special porting of the screw profiles can also be used to help minimize
the pressure pulsation and resulting vibration.

Again the mechanical seals are the most critical items in the pump required to ensure
pump reliability. The pump should be designed to provide the best environment for the
mechanical seals to operate properly. This includes limiting rotor deflection at the seal
area and providing suitable flush or barrier fluid. Since these pumps can be designed to
operate with the seals in either the suction or the discharge it is normally preferable to have
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the seals work against the lower suction pressure as opposed to the higher discharge pres-
sure. When sealing against variable high suction or discharge pressures, the barrier fluid
pressure must be controlled to ensure that it is always greater than the product pressure.

In many multiphase applications, the drive motors are equipped with variable speed
controls to allow the pump to operate over a wide speed range to match specific start-up
and operating well conditions. In these cases the speed is controlled to maintain a constant
pressure at the pump suction. If the well flow rate increases, the suction pressure
increases, causing the speed of the pump to also increased to maintain a constant suction
pressure and thereby match the flow rate from the well. Multiphase pumps are often used
as booster pumps to draw down the well head pressure and thereby increase the well flow
rate and boost production. These pumps are often sized to handle high flow rates and can
then be installed on a cluster of wells to boost the pressure into the pipeline.

Subsea A special area of application for multiphase pumps is subsea. With special mod-
ifications, the rotary screw multiphase pumps can be coupled to submersible motors and
mounted on the sea bed, instead of on surface platforms. The idea of pumping multiphase
products directly from a subsea well head to onshore or floating production and storage
facilities by means of submersible multiphase pumps has significant potential savings in
separating equipment and platforms.’ These special subsea pumps often require much
higher pressure capabilities than surface mounted pumps, to handle both the high ambi-
ent subsea pressures and also the high discharge pressures required. Again the mechan-
ical seals are a critical design area with special considerations required to ensure a
reliable design. The sealing environment can be significantly improved by maintaining a
constant differential pressure across the seal faces by means of a pressure compensator.
This pressure compensator senses the product pressure on the seals and then provides a
slight pressure boost to the barrier fluid to maintain this constant differential pressure.
The pump and system must be designed in conjunction with the submersible motor, pres-
sure compensator and lube oil cooler. Obviously, the motor and valve control functions as
well as the lube oil top-up capabilities must be integrated into the complete pump mod-
ule to provide a reliable unit to operate in the subsea environment. Subsea multiphase
pumps are being investigated for deeper water applications and higher boost pressures.
Initial subsea pumping installations involved water depths up to 1500 m, with boost pres-
sures of 1250 psi (86 bar), applications up to 3000 m water depth with pressure boosts to
3000 psi (207 bar) are now being pursued. Figure 21 shows a special two-screw multiphase

FIGURE 21 Multiphase screw pump module for subsea deployment (Flowserve Corporation)
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pump module, configured for subsea applications with high-pressure, shell-type casing
design, integrated submersible motor, pressure-compensator and oil cooler.

Wet Gas Compression Another application for multiphase screw pumps is for “wet gas
compression.” This application involves pumping multiphase products that are essentially
gas but can also have occasional high liquid content. These applications generally involve
fluids with gas content in the 98% GVF range. There are two areas of concern with this
type of application. As previously indicated, there must always be some liquid available
in the pump to seal the clearances between the screws and the casing bores. Also with
this high gas content, special considerations must be made for the thermodynamic heat-
ing characteristics of the compressed gas. Since the gas provides much lower heat absorp-
tion than the normal liquid, the product temperature can increase significantly as the
pressure is increased. The pump must also be able to handle the full range of GVF val-
ues from slugs of liquid to 100% gas. For these applications special screw designs, liquid
injection and recirculating liquid separators can be used to ensure there is sufficient lig-
uid available to seal and cool the rotors.

INSTALLATION AND OPERATION

Rotary pump performance and life can be improved by following the recommendations on
installation and operation outlined in this section.

Pipe Size Resistance to the flow usually consists of differences in elevation, fixed resis-
tances or restrictions such as orifices, and pipe friction. Nothing can be done about the
first, since this is the basic reason for using a pump. Something can be done, however,
about restrictions and pipe friction. Significant amounts of money can be wasted because
of piping that is too small for the job. Certainly, not all pipe friction can be eliminated as
long as fluids must be handled in this manner, but every effort should be made to use the
largest pipe that is economically feasible. Numerous tables are available for calculating
frictional losses in any combination of piping. Among the most recent are the tables in the
Hydraulic Institute Engineering Data Book® along with other similar hydraulic engineer-
ing references.

Before any new installation is made, the cost of larger-size piping, which will result in
lower pump pressures, should be carefully balanced against the cost of a less expensive
pump, a smaller motor, and a savings in power over the expected life of the system. The
larger piping may cost a little more in the beginning, but the ultimate savings in power
will often substantially offset the original cost. These facts are particularly true for
extremely viscous fluids.

Foundation and Alignment The pump should be mounted on a smooth, solid founda-
tion readily accessible for inspection and repair. It is essential that the driver shaft and
the pump shaft are in proper alignment. The manufacturer’'s recommendation of concen-
tricity and parallelism should always be followed and checked occasionally. For high tem-
perature applications the alignments should be checked with the equipment at operating
temperature.

The suction pipe should be as short and straight as possible with all joints airtight. It
should not contain places where air or other entrapped gases may collect. If it is not pos-
sible to have the fluid flow to the pump under gravity, a foot or check valve should be
installed at the end of the suction line or as far from the pump as possible. All piping
should be independently supported to avoid strains on the pump casing.

Start-Up A priming connection should be provided on the suction side, and a relief valve
should be set from five to ten percent above the maximum working pressure on the dis-
charge side. Under normal operating conditions with completely tight inlet lines and wet-
ted pumping elements, a screw pump is self-priming. Starting the unit may involve simply
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opening the pump suction and discharge valves and starting the motor. It is always advis-
able to prime the unit before the initial startup to wet the screws. In new installations,
the system may be full of air, which must be removed. If this air is not removed, the per-
formance of the unit will be erratic, and, in certain cases, air in the system can prevent
the unit from pumping. Priming the pump should preferably consist of filling not only the
pump with fluid but as much of the suction line as possible.

The discharge side of the pump should be vented at startup. Venting is especially
essential when the suction line is long or when the pump is initially discharging against
the system pressure.

If the pump does not show a discharge of liquid after being started, the unit should
be shut down immediately. The pump should then be primed and tried again. If it still
does not pick up fluid promptly, there may be a leak in the suction pipe, or the trouble
may be traceable to an excessive suction lift from an obstruction, throttled valve, or
another cause. Attaching a gage to the suction pipe at the pump will help locate the
trouble.

Once the screw pump is in service, it should continue to operate satisfactorily with
practically no attention other than an occasional inspection of the mechanical seal or pack-
ing for excessive leakage and a periodic check to be certain that the alignment is main-
tained within reasonable limits.

Care should be taken to ensure that the suction pipe is free of any solid contaminants,
left over from the construction phase. Flushing of the suction pipe before connecting to the
pump is recommended. In some applications, suction strainers are installed to prevent
solid particles from reaching the pump. If required, the strainer can be removed after the
system start-up phase is completed.

Noisy Operation Should the pump develop noise after satisfactory operation, this is
usually indicative of an excessive suction lift resulting from cold liquid, air in the liquid,
misalignment of the coupling, or, in the case of an old pump, excessive wear,

Shutdown Whenever the unit is shut down, if the operation of the system permits, both
the suction and discharge valves should be closed. This is particularly important if the
shutdown is for an extended period because leakage in the foot valve, if the main supply
is below the pump elevation, could drain the oil from the unit and necessitate repriming
as in the initial starting of the system.

Abrasives One other point has not yet been discussed, and this is the handling of lig-
uids containing abrasives. Since screw pumps depend upon close clearances for proper
pumping action, the handling of abrasive fluids usually causes rapid wear. Much progress
has been made in the use of harder and more abrasive-resistant materials for the pump-
ing elements so that a good job can be done in some instances. It cannot be said, however,
that performance is always satisfactory when handling liquids laden excessively with
abrasive materials. On the whole, screw pumps should not be used for handling fluids of
this character unless a shortened pump life and an increased frequency of replacements
are acceptable. In these cases, reducing the operating speed can maximize the operating
life of the pump.

CONCLUDING REMARKS

As indicated, screw pumps are manufactured in a number of different configurations and
designs to suit a variety of different applications. Generally, screw pumps should be con-
sidered if there is a requirement for high pressure, high viscosity, or low hydraulic pulsa-
tion levels. Screw pumps can be used with lubricating and non-lubricating products and
on many special and difficult applications. The keys to the success of screw pump appli-
cations include accurate knowledge of the fluid characteristics, proper pump selection and
sizing, correct system design, suitable installation conditions, and the proper operating
and maintenance procedures.
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SECGTION 3.8

VANE, GEAR,
AND LOBE PUMPS

LEV NELIK
ROBERT A. PLATT
C.W.LITTLE, JR.

DEFINITIONS AND NOMENCLATURE

Vane, gear, and lobe pumps are positive displacement rotary pumps. The Hydraulic Insti-
tute defines them as mechanisms consisting of a casing with closely fitted vanes, gears,
cams, or lobes that provide a means for conveying a fluid. Their principle motion is rotat-
ing, rather than reciprocating, and they displace a finite volume of fluid with each shaft
revolution. When describing them, the general term fluid is used, rather than the more
restrictive liguid. Fluid, in this case, is understood to include not only true liquids, but
mixtures of liquids, gases, vapors, slurries, and solids in suspension as well.

How They Work Pumping in a vane, gear, or lobe pump begins with the rotating and
stationary parts of the pump defining a given volume or cavity of fluid enclosure. This
enclosure is initially open to the pump inlet but sealed from the pump outlet and expands
as the pump rotates. As rotation continues, the volume progresses through the pump to
a point where it is no longer open to the pump inlet but not yet open to the pump outlet.
It is in this intermediate stage where the pumping volume or cavity is completely formed.

Depending on the particular pump, there can be more than one cavity in existence at any
one time. As this happens, fluid also fills the clearances between the pumping elements and
pump body, forming a seal and lubricating the pumping elements as they in turn pump the
fluid. Rotation continues and the cavities progress, moving fluid along the way. Soon a point
is reached where the seal between the captured fluid volume and outlet part of the pump is
breached. At this point the vanes, gears, or lobes force the volume of captured fluid out of the
pump. While this is happening, other cavities are simultaneously opening at the inlet port
to receive more fluid in a continual progression from suction to discharge ports.

For optimum pumping action, the open-to-inlet (OTI) volume should expand slowly and
continuously with pump rotation. The closed-to-inlet-and-outlet (CTIO) pumping cavity
volume should remain constant once it is formed, and the open-to-outlet (OTO) volume

3.128
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(b)

FIGURE 1a, 1b Typical rotary gear pumps (1b: Viking Pump)

should expand slowly and continuously with pump rotation. At no time should any fluid
in the pumping chambers be simultaneously open to both the inlet and outlet if the pump
is truly a positive displacement pump. When these conditions are met, the result is a very
smooth continuum of flow with minimal pulsations or pressure spikes.

With rotary pumps (see Figure 1), a driver turns one shaft and rotor assembly, which
in turn physically meshes with another to form the cavities that move the fluid. This is
known as an untimed arrangement. For some applications, however, there would be prob-
lems with the gears meshing this way. For instance, stainless steel gears will gall and seize
if rubbed against each other.

To circumvent this, the timed pump was developed. It uses timing gears physically
located outside the pumping chamber to transmit torque between the pump shafts and
synchronize the pumping elements relative to each other. By preventing them from con-
tacting each other, they eliminate many of the problems of material compatibility, and dry
running. Lobe pumps (Figure 2) are built this way.

FIGURE 2 Lobe pump (Viking Pump)
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In some special cases, pressure-balancing designs, relief valve arrangements, or other
such considerations have led to some designs where the pump must only operate in one
direction. However, the principle of operation of most rotary pumps permits them to oper-
ate equally well in either direction.

Main Components The pumping chamber of a rotary pump is the area containing the
pumped fluid while the pump is operating. Fluid enters the pumping chamber through
the inlet port and leaves through the outlet port. The body is that part of the pump that
surrounds the boundaries of the pumping chamber and is also referred to as a casing,
housing, or stator. End plates can either be part of the body or separate parts, and they
serve to close off the ends of the body to form the pumping chamber. End plates can also
be referred to as pump covers.

The rotating assembly generally refers to all those parts that rotate when the pump is
operating. Rotors are usually given more descriptive names, depending on the specific
pump type. All rotary pumps employ a drive shaft to accept driving torque from the pump
driver. The majority of rotary pumps are mechanically coupled to their driver with various
types of couplings, but sealless magnetically driven pumps have become more common in
recent years.

The cavity through which the drive shaft protrudes is called the seal chamber, and leak-
age through it is controlled by a mechanical seal or packing. In a mechanical seal, two faces
with opposing axial loads are maintained in close contact with each other. When compress-
ible packing and a stuffing box are used in place of a mechanical seal and seal chamber, the
packing is compressed in the stuffing box by a gland that keeps it in intimate contact with
the stationary and rotating elements. A [antern ring or seal cage is often placed between two
of the packing rings to enable cooling and lubrication from an external source.

A number of other auxiliary devices and arrangements can be found in vane, gear, and
lobe pumps, but two are especially characteristic of these pump types. Given the positive
displacing nature of these pumps, and the potentially high pressures that can result at the
outlet of the pump if there is an obstruction or blockage, safety relief valves must be used
with all positive displacement pumps. They limit the pressure by opening an auxiliary
passage at a predetermined set pressure and relieving flow back to the inlet side of the
pump or, better, to the fluid’s original source. They can be installed externally or serve as
an integral part of the pump. One exception is flexible member pumps, which, by the
nature of their design, usually do not require one, due to the resiliency and expandability
of their elastomeric components.

Nonetheless, most rotary pumps are available with integral relief valves. Although
these devices are a necessary investment for safety, they are not a substitute for an exter-
nal system relief valve, They are a secondary safety device at best and are not intended for
continuous duty, flow control, or system pressure modulation.

To reduce fluid viscosity in the pump body to facilitate a successful startup and main-
tain event-free operation, heating jackets are used. They can be either integral to the pump
(either welded on or part of the body casting) or a separate bolt-on type. They are common
with asphalt, gelatins, paraffin, molasses, greases, and similar fluids where, without heat-
ing, the power and torque required to drive the pump could easily overload the driver.
If viscous enough, a cold startup could actually destroy the mechanical seal, shear a shaft
coupling, break a drive shaft, or cause damage to the equipment some other way. Heating
jackets are not intended to be the main source of heating in the system. If the system
requires the fluid to be heated, some other means, such as heat tracing the system piping,
must be used.

Materials of Construction When selecting materials for rotary pumps, consideration
must be given to the following material properties:

¢ The modulus of elasticity (for deformation purposes)
® The coefficient of thermal expansion (for varying temperatures)
® The coefficient of friction (for resistance to galling when in sliding contact)
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For rotary pumps with flexible members, further consideration must be given to the
materials’ bulk modulus for recovery from deformation.

The close running clearances of rotary pumps require that their materials resist defor-
mation and deflection by the various forces present when the pump is operating. If they do
not, then such deformation or deflection could open the clearances and lower the operat-
ing efficiency dramatically or close the clearances and cause high mechanical loading and
seizing between the moving and stationary parts.

The materials must also have compatible coefficients of thermal expansion. With the
potential for deflection of the rotating parts always present, the materials selected must
also have good bearing characteristics or, in particular, a good so-called “PV-value” (defined
below) to resist galling and wear. This is especially important when pumping low-lubricity
fluids.

Furthermore, materials used for corrosion resistance in noncontacting surfaces of
centrifugal pumps may be unusable in rotary pumps where the continuous sliding con-
tact between parts can wear away their passivating or protective layers. In general,
rotary material restrictions become more severe when handling low-viscosity fluids at
higher pressures and/or low lubricity fluids with abrasives. Most rotary pumps do not
handle solids well, except for small trace amounts. Progressing cavity pumps, however,
(see Section 3.7) are an exception and can handle very high solids content. In addition,
even where there is no load-bearing contact between the rotating and stationary parts
under normal conditions, the high transient forces generated at startup, shutdown, or
any other unusual operating conditions (such as cavitation) must be considered when
selecting pump materials.

The performance of flexible member pumps heavily depends on the material of the flex-
ible member. Its bulk modulus must be high enough to keep distortion under pressure
within functional limits and it must be resilient enough to spring back to its original shape
after flexing or compressing. For instance, if, once deflected, the vanes in a flexible vane pump
stayed that way, the pump could no longer operate. That is, these materials must be chosen
not only to satisfy the desired hydraulic conditions, but also for resistance to deterioration
from fatigue, chemicals, and the temperatures to which they may be exposed.

Vane Pumps Two basic types of vane pumps exist. The most common is the rigid slid-
ing metal vane type, and the other is the flexible or elastomeric vane used for low viscos-
ity (e.g., gasoline) or chemically aggressive fluids. Both are based around external sliding
vanes rotating about a nonconcentric cam.

All rigid vane pumps have moveable sealing elements in the form of nonflexing blades,
rollers, buckets, scoops, and so on. These elements move radially inward and outward by
cam surfaces to maintain a fluid seal between the OTI and OTO sectors during pump
operation. When the cam surface is internal to the pump body and the vanes are mounted
in or on the rotor, the pump is called an internal vane pump. The OTI volume is defined by
the body walls, the rotor walls, the fluid seal contact between the vanes, and the body. The
body wall surface, the rotor surfaces, and the vane-to-rotor and vane-to-body fluid seal
points define the CTIO volume. The body surface, the rotor surface, the vane-to-body fluid
seal points, and the vane-to-rotor fluid seal points define the OTO volume.

In internal vane pumps, the volume behind the vanes must always be either a com-
posite constant volume or else be vented, because of the piston-like pumping action of the
vanes on the fluids trapped there. However, no such venting is required when the vanes
are in the form of rocking slippers.

When the cam surface is external to the radial surface of the rotor and the vane, or the
vanes are mounted in the body or stator, the pump is called an external vane pump and is
illustrated in Figure 3. The OTI, CTIO, and OTO volumes are defined the same as for
internal vane pumps when multiple external vanes are used. In this case, the rotor sur-
face, the body surface, and the fluid seal points between them define the CTIO volume.

In addition to rigid, sliding metal vane pumps, flexible or elastomeric vane type pumps
also exist. This kind of pump, illustrated in Figure 4, has a pumping action similar to that
of an internal vane pump with the OTI, CTIO, and OTO volumes defined by the rotor sur-
faces, the body surfaces, the fluid seal contacts between the rotor flexible vanes, and the
body surfaces.
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FIGURE 3 A typical external vane pump

The flexible liner pump in Figure 5 is similar in pumping action to the external vane
pump, and all three chamber volumes of it are defined by the inner surface of the body, the
outer surface of the liner, and the liquid seal contact between the liner and body bore. Most
flexible liner pumps, unlike other rotary pumps, have at least one position of the rotor in
which no fluid seal exists between the OTI and OTO volumes. The pump depends only on
fluid velocity and inertia to limit backflow during this phase of rotation.

Vane pumps offer flows at up to 1,000 gpm (3,785 I/min) and pressures at up to 125
1b/in? (8.6 bar). They are commonly used for low-pressure transfers of gasoline, kerosene,
and similar light hydrocarbons.

Gear Pumps The gear pump is the most common of all rotary pumps due to the wide
variety of applications it can be used in.

Gear pumps have two gears that mesh to provide its pumping action, with one gear dri-
ving the other. The physical contact between the gears forms a part of the moving fluid seal
between the inlet and outlet ports. The outer radial tips of the gears and the sides of the gears
form part of the moving fluid seal between the inlet and outlet ports. The gear contact locus
moves along the tooth surfaces and jumps discontinuously from tooth to tooth as the gears
mesh and unmesh during rotation. These two characteristics distinguish gear pumps from
lobe pumps where the rotors (lobes) are incapable of driving each other, (timing gears doing
that instead,) and the fluid seal contact locus between lobes moves continuously across all the
radial surfaces of the lobes.

Gear pumps are classified as external or internal (see Figure 6). External gear pumps
have their gear teeth cut on their external or outside diameter and mesh about their out-
side diameters, Bearings (which are often product-lubricated bushings) support the shafts
at both ends with the gears located between the bearings. This resists shaft deflection and
contact between the gears and casing wall.

FIGURE 4 Flexible vane pump FIGURE 6 Flexible liner pump
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FIGURE 6 (a) external gear pump (Roper), (b) internal gear pump (Viking), and (¢} various types of gears used
{Roper)

Internal gear pumps, on the other hand, have one larger gear (rotor) with gear teeth
cut internally on the major diameter meshing with and driving a smaller externally cut
gear (idler). Pumps of this type can be with or without a crescent-shaped partition to
define the OIT, CTIO, and OTO zones.

The OTI volume of the pump chamber in gear pumps is defined by the body walls and
by where each tooth tip meets and seals with the body walls as it leaves the OTI volume,
The fluid trapped between the gear teeth and the body walls is sealed from both inlet and
outlet chambers and is the CTIO volume, The OTO volume is defined by the body walls
and the gear tooth surfaces between the fluid seal points where each tooth tip leaves the
body wall and enters the OTO volume and fluid seal points where the gears mesh.

A part or all of the side (or axial) surfaces of the gears run in small-clearance contact
with the axial end faces of the pumping chamber. The gear teeth run in small-clearance
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contact with each other where they mesh. The tips run in smali-clearance contact with the
radial surfaces of the pumping chambers in their travel from the OTI to OTO volume.
Load-bearing contact between the rotors or between the rotors and the stator may exist in
all three of these zones, and the apertures defined by the running clearances in these
zones determine the amount of slip between the OTO and OTI volumes for any given pres-
sure difference and viscosity between them.

Both gears share pumping torque, and the proportional amount of the total torque
experienced by each gear at any instant is determined by the locus of the fluid seal point
between the gear teeth. As this fluid seal point moves toward the center of gear rotation,
the pumping torque on that gear increases, and as the seal point moves away from the
center, the torque decreases. When external timing gears are used, they transfer torque
from one rotating assembly to another to safeguard against accelerated wear when dry
running or handling low-lubricity or somewhat more abrasive fluids (e.g., foodstuffs).
Here, bearing (bushing) life depends on projected loading and journal velocity. A product
of projected loading (P, psi) times journal velocity (V, ft/min) is used to determine the
ability of internally (product) lubricated bearings to operate without significant wear. In
the example given with Figure 7, the idler shaft of the gear pump is shown supporting
its gear and is subject to the differential pressure, resulting in the projected bearing
loading as illustrated in the figure. Data exist for various material pairs running against
each other. Bronze, iron, carbon, and silicon carbide are some examples of popular mate-
rials used for the internally lubricated bushings of rotary pumps. For bronze, the PV-value

AR NARNED
h N ~\\‘-\ \\\\\' \\ \\\\;

DHLLLE N

FORCE, F=pA

FIGURE 7 Example of dry-running PV-evaluation for a gear pump bushing. Given: rpm = 1800; suction pressure = 8
psia {0.414 bara); discharge pressure = 128 psig (8.825 barg}, and dimensions are shown in inches (mm = in X 25.4)
Thus, Ap =~ (128 4 14.7) - 6 = 136.7 psi (8.425 bar); and force on gear = 136.7 X (21in xX 1.2 in} = 328 1bf {1459 N). Half
of this force is shared by each bearing, namely 164 1bf {730 N). The unit load on each bearing P = 164/(1.5in X 1in) =
109 psi (7.54 bar). Since the journal velocity V (f/min} = 2= X rpm X d (ft/2 = 2« x 1800 x {(1 in/12)/2} = 471 f/min
(2,39 m/3), PV = 108 x 471 = 51,400 psi-f/min (18 bar-m/s). (Although the result is given here also in SI units, the
PV.loading of a bearing 13 generally correlated in terms of psi-ft/min.)

GD ENERGY PRODUCTS LLC
Petitioner

EX1010

Page 126 of 153



3.130 CHAPTER THREE

is 80,000; for iron it is under 30,000; and carbon is rated at approximately 120,000. Some
grades of silicon carbide reach PV-values exceeding 200,000. On the other hand, plastics
have very low values of PV, typically under 3000.

External gear pumps are capable of flows up to 1,500 gpm (5,680 I/min), pressures up
to 500 1b/in?(34.5 bar), and viscosities up to 1,000,000 SSU (216,000 centistokes). They are
found in both clean and dirty services serving the original equipment manufacturer
(OEM), refinery, tank farm, marine, and API-related industries. Internal gear pumps are
capable of flows up to 1,100 gpm (4,165 I/min), pressures up to 225 lb/in? (15.5 bar), and
viscosities up to 1,000,000 SSU (216,000 centistokes). They are typically used for lower
pressure transfers of fuel oils, paints, and various chemicals in the chemical processing
and OEM industries.

Lobe Pumps The lobe pump (Figure 2) receives its name from the rounded shape of
the rotor radial surfaces that permits the rotors to continuously overlap each other as they
rotate. Lobe pumps can be either single- or multiple-lobe pumps and carry fluid between
their rotor lobes much in the same way a gear pump does.

Unlike gear pumps, however, neither the number of lobes nor their shape permits one
rotor to drive the other, and so all true lobe pumps require timing gears. The body surfaces,
rotor surfaces, the contact between rotors, and the contact between rotor lobe ends and the
pump body define the OTI volume of a pump. The contact between the lobe ends and the
body wall and the adjoining body wall and lobe surfaces define the CTIO volume. The body
walls, rotor surfaces, lobe-to-body wall contacts, and the lobe-to-lobe contacts define the
OTO volume.

In the two-rotor lobe pumps shown in Figure 8, the torque is shared by both rotors
with the proportional amount of torque dependent on the position of the rotor-to-rotor
contact point on the rotor contact locus. When the contact point is at the major locus
radius (maximum lobe radius of one rotor in contact with the minimum lobe radius of
an adjoining rotor), one rotor sees the full pumping torque, while the other rotor feels
a balanced torque. The transfer of a full pumping torque from one rotor to the other
takes place as many times in each complete revolution of a rotor as there are lobes on
the rotor.

Lobe pumps are capable of flows up to about 1,000 gpm (3,785 I/min) and pressures up
to 225 1b/in® (15.5 bar). They are commonly used to pump sludge in wastewater treatment
plants and in stainless steel systems for handling foodstuffs in the food, beverage, dairy,
and pharmaceutical industries.

A summary of the main application parameters of vane, gear, and lobe pumps is
shown in Table 1 together with similar data for other rotary pumps; e.g., screw pumps
(Section 3.7).

N,

FIGURE 8 Typical single-lobe (left) and multiple-lobe (right) pumps
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COMPARISONS TO CENTRIFUGAL PUMPS

A rotary pump uses mechanical and hydraulic forces to create a flow against a system
backpressure. Centrifugal pumps, on the other hand, create pressure by imparting a velo-
city to the fluid and converting the velocity energy to a pressure energy as the fluid flows
around the casing and out the discharge nozzle. A comparison of the resulting performance
of these two different pump types is shown in Figure 9.

The conditions of service will usually determine the best pump for an application. For
instance, for varying flow rates, a centrifugal pump would be a good choice. An example of
this is a municipal water system where consistent head is maintained. By contrast, for a
constant flow in the presence of varying back pressures, a rotary pump would be better. An
example of this is an oil pipeline, where system economics dictate constant flow rates,
regardless of any system pressure variations from changes in viscosity or the pipe diame-
ter or condition.

Other differences exist between centrifugal and rotary pumps as well. The perfor-
mance curves, affinity laws, and terminology used to describe rotary pumps are all differ-
ent. And since rotary pumps are primarily for viscous fluids, the applications and markets
served by these two pumps are also different. Other factors, such as vertical versus hori-
zontal mounting, metal versus nonmetallic materials, sealless and magnetically driven
versus dual-containment mechanical seals and conventional drivers, are similar whether
considering a centrifugal or rotary pump.

Rotary Pump Curves Centrifugal pump curves plot the flow on the X-axis with the dis-
charge head on the Y-axis. However, rotary pumps develop the flow against a system back-
pressure, rather than developing head with a corresponding flow rate. Their performance
curves therefore show the flow on the Y-axis with differential pressure along the X-axis,
as shown in Figure 10.

The influence of differential pressure on the flow is greatest with lower viscosity.
Conversely, the maximum viscosity represents the worst (most) case from a power stand-
point and is therefore the point around which the driver is sized.

Instead, a rotary pump is selected for a given differential pressure and viscosity at the
nearest commercially acceptable speed (with a tendency toward the lower speeds). For vis-
cosities under 3,000 SSU (650 centistokes), this means at synchronous motor speeds with
the flow rate falling at the design point or (ideally) slightly above it. For higher viscosities,
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FIGURE 9 Typicel performance curves (m = ft x 0.3048; m%h = gpm/4.403)
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FIGURE 10 Typical rotary pump flow and power curves (bar = psi/14.5; kW = hp x 0.746; 50, 500, 5000 SSU =
7, 108, and 1080 centistokes respectively.)

rotary pumps will be run at reduced speeds, which in some cases can go well below 100
revolutions per minute (rpm).

Performance with Viscous Flulds Viscos drag can be considerable with higher vis-
cosities. With an increasing viscosity, an increasing amount of energy must be expended
to overcome these forces and produce the same amount of hydraulic work. At some point,
viscosity will simply overtake the centrifugal pump, and it can no longer overcome the
inertia and viscous drag losses of the fluid. The effect of this can be seen in Figure 11.
Since rotary pumps do not work this way, they are better suited for high-viscosity fluids.
Certain rotary pumps, such as multiple serew pumps, can even go as high as 1,000,000 SSU
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FIGURE 11 Typical efficiences as a function of viscosity. {In this range, centistokes = SSU/5.)

(216,000 centistokes) without a significant deterioration of performance or efficiency.
Compared to centrifugal pumps, rotary pumps are less efficient at lower viscosities but
more efficient at higher viscosities. From an applications standpoint, this crossover point
will vary from pump to pump and depends on many factors, but as a rule of thumb, it usu-
ally falls between 500 and 1,000 SSU (108 and 216 centistokes).

Mechanical Installation All rotary pumps, particularly rigid rotor pumps, must be
installed so no mechanical forces other than those imposed by pump-generated pressures
can act to warp or distort the pump chamber or rotating assembly. This is important
because relatively small distortions of a few thousandths of an inch can cause interference
between rotating and stationary parts and generate high wear rates or pump damage.

To avoid such distortions, the pump must not be installed with overly long, rigid fit-
tings or in such a way that the pump body supports the weight of the piping system. Large
mechanical forces that distort the pump body may also cause distortions of the mechani-
cal seals and accelerate wear of the bearings. A cardinal rule, then, is that a rotary pump
must not be rigidly coupled to the piping system in a way that causes it to support the
weight of the piping or otherwise exposes it to any forces from thermal expansion. Poor
mechanical installation is the cause of many field problems.

Dry Running Most rotary pumps will be damaged if allowed to run dry. As long as the
system provides a positive static pressure on fluid present at the inlet, the pump should
prime and not run dry. If a negative inlet gage pressure, or suction lift, is present at the
pump inlet, the installation should be checked to ensure airtight seals throughout the
entire upstream piping.

The sealing arrangement on the pump must also be checked for any leakage of air or
gas into the pump through the seal. If these conditions are satisfied, fluid will enter the
pump soon after pump operation starts because of the vacuum generated by pump opera-
tion. If these conditions are not met, air or other gases will flow through leaks in the inlet
system or seal to satisfy the pump flow rate requirements and the pump will run dry or
partially dry.
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Suction Strainers Like most other pumps, rotary pumps last longer when handling
clean fluids. Nonetheless, this is an ideal scenario, and the pump will more realistically
encounter dirty or abrasive-laden fluids of varying degrees. Fine particles and abrasives
will cause wear in the close clearances of the pump, which eventually reduces pump flow
rate by increasing the slip through the increased clearances.

As such, all rotary pumps should have a suction strainer to exclude larger materials
such as welding slag, scale, rust, chips, rags, bolts, nuts, and so on. Since a suction strainer
contributes to suction line losses, this reduces the net inlet pressure available. The finer
the filtration, the greater the restriction and the more frequently it must be maintained.
This leads to a trade-off between the cost of the added maintenance versus the cost of
replacing the worn pump parts earlier than they would be otherwise.

When pumping fluids over 5,000 SSU (1080 centistokes), the finest strainer screen
practical is a {s-inch (1.5 mm) perforation. Strainers and filters not only require periodic
maintenance, but should also be instrumented accordingly. It is important for the user to
provide some means of monitoring, such as a differential pressure gauge or switch, since
a clogged strainer will cause the pump to cavitate or even run dry.

Entrained Air and Dissoilved Gases An important consideration with rotary pumps
is the amount of entrained air or gas in the fluid. It is generally neglected, since a rotary
pump cannot become vapor-bound the way a centrifugal pump can. Nonetheless, with
entrained air present, there can be a loss in the outlet flow. If the entrained air is a large
enough percentage, there may be unacceptable noise and vibration levels as well.

For example, if a fluid contains 5% entrained gas by volume and the suction pres-
sure is atmospheric, the mixture is 95% liquid and 5% gas. This mixture fills up the
moving voids on the inlet side, with 5% of the space filled with gas and the remainder
with liquid. Therefore, in terms of the amount of liqguid handled, the output is reduced
directly by the amount of gas present, or 5%. Unless this is understood up front, it could
Jead to a less than satisfactory output flow rate through no direct fault of the pump
itself.

Entrained air is common in systems where the liquid is cycled frequently. In many
cases, the foaming or air entrainment cannot be avoided, such as with the lubrication sys-
tem on a large reduction gearbox. Instead, the condition must be known and well under-
stood before selecting a pump for the application.

If dissolved gases (gases different than the fluid’s own vapor) are present in the fluid,
the effect on the output flow is the same as with entrained gases. This is because the dis-
solved gases will come out of solution when the pressure is lowered, just as the fluid’s own
vapor will. This will have the same net effect as the entrained gas and will occupy the
available displacement capacity. Although the fluid mass transfer rate will not be
affected, this is likely to be small comfort since the measured liquid displacement will
be reduced.

Nolse Pumps are often the most offensive noise sources in hydraulic machinery. High-
pressure pulsations and heavily loaded sliding elements within the pump produce broad-
band, high-energy airborne noise. Vane, gear, and lobe pumps (as well as the screw pumps
of Section 3.7), however, are among the lowest noise producers of any fixed displacement-
type pump. Flow is delivered continuously without the variations that produce noise in
conventional hydraulic pumps. Pumping elements utilize a fluid film, reducing the slid-
ing contact, and the visco-elastic properties of the fluids they pump help dampen what-
ever fluid-borne pressure pulsations are present. These design features are responsible
for the wide use of these pumps wherever noise is critical. For instance, they are widely
installed on die-casting machines, plastics equipment, presses, and an enormous variety
of machine drives and machine tools.

Inlet Pressure The absolute pressure above the vapor pressure available at the pump
inlet must always exceed the absolute pressure above the vapor pressure required by the
pump.

Rotary pumps are not effective at stopping the flow through them. In applications
where the flow cannot be permitted through an idle pump, or where inlet or outlet static
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pressure heads exist, check valves in the system must be used to stop the flow. For exam-
ple, in intermittent deliveries where the pump is “lifting” liquid from a source below its
inlet without any valving in place to address this when the pump is stopped, the fluid will
gradually drain backward through the pump and back to its source.

Cavitation The creation of vapors and the subsequent collapse of the vapor bubbles
upon reaching the higher-pressure discharge side of the pump is known as cavitation. Cav-
itation forces the liquid into the vapor voids at high velocities and produces local pressure
surges of high intensities impinging on the pump surfaces. These forces can exceed the
tensile strength of the metal, eroding it in the process. Left uncorrected, cavitation can
cause pitting of the vanes, gears, or lobes and interior casing walls; bearing failures; and
even shaft breakage. In addition, cavitation causes noise, vibration, and a loss of output
flow. The bigger the pump, the greater the noise and vibration can be.

Lowering the static suction lift of a system, increasing the suction pipe diameter,
and simplifying the suction piping layout can reduce cavitation by raising the net inlet
pressure or NPSH available. In reality though, the net inlet pressure available is not
something that can easily be altered. Instead, the pump vendor will usually be asked to
select a pump with a lower net inlet pressure required. The best way to do this is to select
a larger pump running slower. This will give the fluid more residence time to fill the void
on the suction side, and with larger internal passages and ports, pump entry losses will be
reduced as well.

FLUID CONSIDERATIONS

Very few commercially handled fluids are homogenous liquids. In actual systems, most
fluids have air or other gases dissolved or entrained in them. In other cases, solids (abrasive
or nonabrasive) may be in the fluid. The variety of fluids handled by rotary pumps
requires that each pump application be uniquely considered in terms of the effects of the
pumped fluid on pump performance. General summaries of the effects of various fluid
characteristics on pump performance are covered in the following paragraphs.

Temperature The temperature of the pumped fluid affects pump performance in three
main ways. If the pump is to handle fluid at temperatures considerably different from
ambient ones, the materials of construction, both in the pump and in the seals, and the
operating clearances of the pump must be selected to provide the desired operating char-
acteristics at the temperature of operation. The selection process becomes even more
stringent when the pump is operated over a wide range of temperatures. Such a use may
preclude the use of pump construction materials having high thermal coefficients of
expansion. Furthermore, in the actual application, it may be necessary to preheat or pre-
cool the pump to the operating temperature before the pump is started in order to avoid
thermal shocking the internal components when the fluid enters the pump. If this is not
done, the resulting rapid heating or cooling of the pump members from the inside out can
damage the pump. Preheating or pre-cooling can usually be accomplished with a secondary
medium such as a heating jacket.

Viscosity Another effect of fluid temperature is on the viscosity of the fluid. For the
majority of the commercial liquids, the viscosity increases with decreasing temperature
and decreases with increasing temperature. If the pump application requires usage over
a wide temperature range, the highest viscosity at this temperature range must be known
to determine whether the pump is operating below the upper speed limit imposed by this
fluid viscosity. The effects of viscosity on speed and the net inlet pressure (above the vapor
pressure of the liquid) required is shown in Figure 12.

Lubricity Still another important fluid characteristic is lubricity. Many rotary pumps
are not designed to operate on liquids with no lubricity. Either the wear rate or the pump
mechanical friction may be inefficiently high if these pumps are used on nonlubricating
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fluids. Vane pumps are the exception here; for they can handle even liquid CO,, a very
poor lubricating substance.

Non-Newtonian Fluids The viscosity of most fluids is unaffected by agitation or shear-
ing as long as the temperature remains constant. They are known as true or Newtonian flu-
ids. Certain fluids, however, change viscosity as a shear is applied at a constant temperature.
The viscosity of these fluids will depend upon the shear rate at which it is measured, and
these fluids are termed non-Newtonian. Some examples are cellulose compounds, glues,
greases, paints, starches, slurries, and candy compounds.

If a fluid is non-Newtonian, the viscosity under actual pumping conditions must be
determined and can vary quite a bit from the viscosity under static conditions. An exam-
ple is grease, where the static viscosity is around 20,000 SSU (4300 centistokes). Under
actual pumping conditions, however, the viscosity is closer to 500 SSU (108 centistokes).
Without realizing this, a larger, slower pump may have been offered when a smaller, less
expensive pump running at a higher speed would have been acceptable.

Tests or computations should determine the effective fluid viscosity under actual oper-
ating conditions. If the pump is to operate over a range of speed and pressures, the maxi-
mum and minimum effective viscosities over this range should be known to allow for the
additional slip or horsepower that may be required and to ensure the correct operating
speed and pump driver power selections. If these data are unavailable, as is often the case,
then data from a similar installation can be helpful. Ideally, the information will include
the pump size, flow rate, and speed as well as the NPSH available and the pressure drop
over a specific length of piping. With this information, assumptions can be made regard-
ing the actual viscosity.

Corrosiveness Knowledge of the corrosiveness of the pumped fluid on the pump mate-
rials in contact with the fluid is important to satisfactory pump application. The clear-
ances in rotary pumps are small, and corrosion rates of only a few thousandths of an inch
per year may seriously affect the efficiency of the pump, particularly when it is handling
low-viscosity fluids. In addition, general compatibility of the fluid with the materials of
pump construction must be considered. For example, a certain solvent to be pumped may
soften, dissolve, or destroy the elasticity of flexible members in the pump, including those
flexible members used in the sealing arrangements. Hence, the effect of the pumped fluid
on the physical and chemical state of materials used in pump construction should be con-
sidered when choosing a particular application.
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Abrasiveness Abrasives present a problem for every pump type, and rotary pumps are
particularly vulnerable. With small operating clearances, the tendency of the abrasive is
to wear down and open the tight clearances of the pump. Most rotary pumps’ internal
clearances are long, narrow, rectangular cross sections that can be modeled as two parallel
flat plates, with one plate stationary and the other moving. These clearances range from
essentially zero to a few thousandths of an inch. Thus, even minor variations in manu-
facturing tolerances or the effects of wear over time can cause considerable variations in
the percentage change of the aperture volume.

Because rotary pumps depend upon close clearances for their pumping action, when-
ever abrasive or dirty fluids are encountered, accelerated wear can be expected. Wear is
difficult to predict because it depends on many variables that are difficult to measure
(such as particle size, size distribution, or whether smooth or jagged shaped).

Classic theory tells us that laminar slip flow @, between two plates follows the general

equation:
Pd XwX d3
R W

where @, = slip through the clearance, gpm (m®hr)
k = a constant
P, = differential pressure, lb/in? (bar)
w = width of clearance, in (mm)
d = clearance gap or depth, in {mm)

v = absolute viscosity, 1b-sec/ft? (centipoises) [Note: (absolute viscosity in
centipoises) = (kinemetie viscosity in centistokes) X sp. gr.]

[ = length of clearance, in (mm)

Rotary pumps rely on close running clearances to seal between the suction and dis-
charge pressures, This presents certain manufacturing trade-offs. For instance, the clear-
ances must be tight enough to yield an acceptable volumetric efficiency with lower
viscosities, yet large enough to facilitate internal lubrication with higher viscosities. For a
given pump with a fixed viscosity and differential pressure, the slip flow is a function of
the cube of the clearances only.

Unlike a centrifugal pump impeller, which can be trimmed to about 85% of its maxi-
mum diameter, rotary pump gears, screws, or lobes cannot be trimmed. As Figure 13
shows, up to a certain critical point, wear has little effect on the flow. Beyond this point,
which varies from case to case, performance starts to deteriorate rapidly.

Much progress has been made in the use of harder and more abrasive-resistant materi-
als for the pumping elements. However, rotary pumps should not be used for abrasive fluids,
unless a decreased pump life and/or increased maintenance intervals are acceptable.

Other fluid characteristics could be important in the selection and application of vane,
gear, and lobe pumps. Some liquids are sensitive to shear and must be handled in pumps
with low shear rates. Others cannot tolerate exposure to the atmosphere, either because
they can explode, crystallize, and damage the seal arrangement or otherwise interfere
with the pump operation. Rotary pumps for these applications should have only static
seals or multiple-section rotary seals with a protective liquid or gas in the seal zones
between the fluid and outside atmosphere. In aseptic pumps, for example, stationary and
moving seals can be designed with multiple seals to enable the use of steam under pres-
sure as a sterile barrier between the pumping chamber and the atmosphere. Pumps in
industrial applications where it could be dangerous if the fluid were exposed to the
atmosphere may use multiple sealing arrangements with an inert liquid under pressure
acting as a barrier between the pumping chamber and the outside atmosphere.

For the effective application of rotary pumps, the temperature, viscosity, lubricity, cor-
rosiveness, and nonliquid content of the pumped fluid must be known, along with any spe-
cial characteristics of the liquid, such as shear or atmospheric sensitivity. With these
known, the proper pump type, seal arrangements, horsepower requirements, and speed
can be determined.
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FIGURE 13 Output flow rate as a function of clearance size and wear

Vapor Pressure A second effect of fluid temperature is on the vapor pressure of the
fluid. Vapor pressure is the pressure that must be maintained at a given temperature to
prevent the liquid from partially vaporizing into a gaseous state. Vapor pressure increases
with temperature, and if the local pressure falls below the vapor pressure, vaporization
and cavitation will occur.

Vapor pressure is particularly important when handling hydrocarbons and petro-
chemicals, which can have very high vapor pressures. For instance, low-sulfur crude oil
vapor pressures can be as high as 100 1b/in? absolute (6.89 absolute) under summer ambi-
ent temperatures. Unless this is known when selecting a pump, the results could be a
pump that works in cold weather but cavitates in warm weather.

OPERATING CHARACTERISTICS

The operating characteristics covered in this section assume the fluid is a true incom-
pressible liquid with a viscosity independent of the rate of shear (shear strain). Common
fluids used in testing are either a light lubricating oil or cool water with small amounts of
soluble oil added for lubricity.

Displacement The theoretical or geometric displacement g, of a rotary pump is the
fluid volume transferred during each revolution. For any given pump, the displacement
depends only upon the physical dimensions of the pump elements and the pump geom-
etry and is independent of other operating conditions. In those pumps designed for vari-
able displacement, the pump usually is rated at its maximum displacement. Thus,
neglecting slip, the theoretical displacement volume flow rate of the pump @, is the the-
oretical displacement per revolution g, multiplied by the rotative speed or rpm; namely,

Qu = qo X rpm.

Slip Flow slip, @, is an important aspect of rotary pump performance. It is defined as
that quantity of fluid that slips from the OTO volume to the OTI volume per the unit of
time. Slip is a function of the clearances between the rotating and stationary members,
the differential pressure between the OTO volume, the OTI volume, and the fluid vis-
cosity. Hydraulically, it is equivalent to a bypass line from the pump outlet back to the
inlet. The most common unit of measuring slip is U.S. gallons per minute (cubic meters
per hour). Slip is essentially independent of RPM.
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The major slip paths through the pump in the presence of a positive differential pres-
sure are the clearances between the end faces of the rotors and the endplates of the pump
chamber, and those between the outer radial surfaces of the rotors and the inner radial
surfaces of the chamber. If the differential pressure across the pump remains constant
during a revolution, then the instantaneous slip rate usually varies throughout the revo-
lution. This variation in the slip is caused by the same effect that would be produced if the
physical dimensions of the equivalent bypass around the pump were varied as a function
of the angular rotation of the drive shaft. This is also one of the common causes of flow pul-
sation in rotary pumps. It is particularly dominant when pumping low-viscosity fluids at
high pressures.

The average slip for any set of operating conditions can be found by measuring the flow
rate from the outlet port (assuming an incompressible liquid) and subtracting that flow
rate from the theoretical displacement flow rate @, that would otherwise be expected at
those operating conditions. The paths can also vary considerably in length with the chang-
ing positions of the rotary and body-sealing surfaces during rotation.

The effect of pressure on the slip is complex. The primary effect is direct in that slip
increases in direct proportion to pressure. However, several secondary effects should be
considered as well. The first is the effect of pressure differences across the pump on the
dimensions of the slip path. This occurs because of the deflection of pump elements as a
function of pressure. This is relatively small in rigid element pumps but can be significant
in flexible vane pumps where the pressure can cause the vanes to flatten out and move
away from the body walls. In addition, while the slip may increase in flexible member
pumps at high pressures, in rigid rotor pumps it can actually decrease as clearances close,
due to the high-pressure deflection of the rotors.

Another secondary consideration is the indirect effect of pressure on the fluid velocity
through the slip paths. At any given viscosity, the flow through these paths can have the
characteristics of turbulent, laminar, or slug flows. The majority of practical applications
would require that the slip be a minor percentage of the pump displacement. To remain so,
the velocity of fluid flow through slip paths would normally be in the laminar flow region,
and the slip would then be directly proportional to the pressure difference. A pressure
increase could cause a change to turbulent flow and a corresponding change in the slip as
a function of pressure.

Also, an indirect effect of pressure exists on the effective compression ratio of com-
pressible fluids. The compression ratio reduces the amount of net volume flow through the
outlet port relative to the displacement of the pump. Although not a true slip in the sense
discussed up to this point, the type of slip caused by this effect reduces the net volume deliv-
ered through the outlet port and consequently affects the volumetric efficiency. This effect
is a secondary effect in most liquids but can become a large component of the slip in aerated
or compressible liquids. An increase in the compression ratio caused by an increase in the
pressure difference causes an increase in slip from this effect.

Flow Rate and Displacement The flow rate or capacity Q. of a rotary pump is the net
quantity of fluid delivered by the pump per the unit of time through its outlet port or ports
under any given operating condition. When the fluid is incompressible, the flow rate is
numerically equal to the total volume of liquid displaced by the pump per the unit of time
minus the slip, all expressed in the same units. When a rotary pump is operating with
zero slip, the theoretical or geometrical displacement @, of the pump becomes the flow
rate @.. A common unit of flow rate is U.S. gallons per minute (cubic meters per hour):

Qc = Qd - Qs (2)

The theoretical displacement g, per revolution represents the fluid confined within the
gear spaces and can be found by integrating the differential rate of a net volume transfer
over one shaft revolution with respect to the angular displacement of the drive shaft
through any complete planar segment taken through the pump chamber between the inlet
and outlet ports. This integration depends on the gear shape, which is defined by the invo-
lute; and so the exact calculation of this volume is mathematically involved. Therefore, in
most practical applications, an approximation can be made with reasonable accuracy, as
the following example illustrates.
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Gear pump displacement calculation (approximate method). Assume an external gear
pump with two gears measuring 3 in (7.62 cm) OD, and 2 in (5.08 ¢cm) ID (root), and 4 in
(10.16 cm) gear width W, Assuming that the liquid occupies half of the volume between the
0D and ID cylinders (the other half being the solid material of the teeth), the volume of
fluid between OD and ID for the two gears is

2% 3% % (0D? - ID?) x W = 15.71 in(257 4 cm®) per revolution.
Therefore,
15.71 257.4
= 13T _ 4 068 gal/rev. = ———202—__ = 00002574 m/rev.
0= 231 in*/gal gal/Tey. = 1 500,000 cm?/m? m'/rev

For a rotative speed of 1000 rpm, the theoretical displacement flow rate @, (which does
not account for slip) thus becomes

Qs = qo X rpm = 0,068 % 1000 = 68 gpm = 0.0002574 X 1000 x 60 min/h = 15.44 m*h

From a practical standpoint, pump displacement often cannot be computed precisely
from the geometry of the pump and is instead established by testing. In either case, the
manufacturer will usually state this because it is needed to determine the efficiency of the
pump under various operating conditions.

Speed Considerations Centrifugal pumps typically run at synchronous motor speeds,
The flow and head are fine-tuned by such things as trimming the impeller or underfiling
the impeller vanes. Rotary pumps, on the other hand, operate with their internal dimen-
sions fixed. Performance is usually fine-tuned externally by speed adjustments where the
operating speed NN is the number of revolutions of the driving or main rotor per unit time,
When no gear reduction or increase exists between the drive shaft and the main rotor, the
speed is measured or set at the drive shaft.

The most common unit of speed is rpm, and its direction is usually described as either
clockwise or counterclockwise when viewed from the front or drive end of the pump looking
from the driver.

Usually, no minimum speed exists for a rotary pump, but certain vane pumps that
depend on a centrifugal force to draw the vanes out of their slots do have minimum speed
requirements. Another exception is with low-viscosity fluids at high pressures where the
slow speed enables slip to equal the theoretical displacement, resulting in no net output
flow. To avoid this situation and assure the pump is running at a suitable volumetric effi-
ciency, the pump should always run within its permitted speed range. Figure 14 shows a
typical speed versus viscosity curve for a rotary pump.

Since flow is directly proportional to speed, it can be tempting to increase the pump
speed above its maximum speed to obtain more flow. However, besides all the aforemen-
tioned concerns, one other item must be considered. With any rotary pump, as the cavities
rotate, they present a void for the incoming fluid to fill. This void is available for a fixed
amount of time, and the fluid in the suction chamber must accelerate to fill this void in the
available time. The higher the fluid viscosity, the more energy is required to accelerate the
fluid to fill the void. If the fluid cannot fill the void in the time available, a partial void and
cavitation will occur. Recognizing a need to limit pump speed, most manufacturers provide
charts showing the maximum speed, which decreases with increasing viscosity of the liquid.
This speed is related to the required excess of the inlet total pressure P; above the vapor
pressure p, of the liquid (called NPSH when expressed in terms of the equivalent head of
the liquid) increases with both the pitch line velocity V, of the gears and the viscosity.
Thus, if the available level of P, is limited, the pump speed is also limited accordingly. For
external gear pumps, this relationship can be approximated by the formula:

P, — p, = V"8 x v01/61 psi (Multiply by 6.895 to obtain the answer in kPa)
where v is the kinematic viscosity in SSU, and

V,=D, X rpm X 3.1/n,
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FIGURE 14 Typical speed reduction as a function of viscosity (In this range, centistokes = SSU/4.6)

and D, is the pitch diameter of the gears in inches (= mm/25.4) and n, is the number of
teeth on a gear.!

Pressure The absolute pressure of the fluid at any location in the pump, expressed in
1b/in%(bar), is the total pressure there and the basis for all other pressure definitions asso-
ciated with pump operation. Helping to simplify matters, the velocity pressure component
of the fluid is usually small enough relative to the total pressure to be neglected.

The inlet or suction pressure p,,is the total pressure at the inlet to the pump. In com-
mon practice, the inlet pressure can be variously expressed as absolute pressure (1b/in®
absolute or bar), as positive or negative gage pressure (lb/in? gage or bar), or as vacuum
(inches or millimeters of mercury).

The total differential pressure Ap (or Py) is the algebraic difference between the outlet
pressure and the inlet pressure, with both expressed in the same units. This differential
pressure is used in the determination of power input and in evaluating the slip charac-
teristics of the pump:

Ap = Pout — Pin (3)

The net inlet pressure p,., ., of a rotary pump is the difference between the inlet pressure
expressed in absolute units and the vapor pressure of the fluid expressed in absolute units:

Pretin = Pin — Puapor (4)

Expressed as head of the pumped liquid, this is the net positive suction head, NPSH.
The required NPSH or net inlet pressure required p,,,is the minimum net inlet pressure
that can exist without the creation of enough vapor in the inlet to interfere with proper
operation of the pump. The inlet pressure usually is not the true minimum pressure in the
OTI volume. The flow of fluid in its passage through the OTI volume causes a fluid friction
pressure loss, which causes the pressure to drop below the inlet pressure at some point in
the OTI volume or inlet chamber. This loss increases with fluid velocity and hence with
pump speed and fluid viscosity. It is a function of the pump geometry, which determines
the fluid path lengths and local velocities where the fluid changes direction in flowing
around curves or corners in the pump OTI volume boundary.

The required net inlet pressure is established by the manufacturer for particular
speeds, pressures, and fluid characteristics. In practice, the pump user is warned that the
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net inlet pressure is near or at the required net inlet pressure by noisy and rough opera-
tion of the pump caused by the incomplete filling of the CTIO volume with an accompa-
nying reduction in pump flow rate.

The two other pressure ratings used are the maximum allowable working pressure,
which is the maximum gage pressure at the outlet port permitted for safe operation. It is
usually determined by the stiffness and strength of the pump body and the type of seals
used. The maximum differential pressure is the maximum allowable difference between
the outlet pressure and the inlet pressure, measured in the same units, and is determined
by the capability of the rotating assembly and its fluid seal contact zones to withstand the
pressure difference between the OTO and OTI volumes.

Efficiency and Power Overall efficiency (E,,) for any type of pump is the ratio of the
output fluid power P, to the input shaft power P,. In a development similar to that for
centrifugal pumps in Section 2.1.1, E,, can then be broken into three main component effi-
ciencies; namely, volumetric, hydraulic, and mechanical. Volumetric efficiency (E,,,) is the
ratio of ingested flow rate @, to the theoretical or displacement flow rate @, where @,,, =
Q. — S, where § is the internal leakage flow rate (slip) through clearances back to the
inlet. Thus the volumetric efficiency is defined in the same way as it is for screw pumps
(Section 3.7). Hydraulic efficiency (E,,,) is the ratio of the total fluid power P, of both the
net flow and the slip flow to the actual power P; delivered to the fluid, where P;= P, /E,,.
Pz in turn is the sum of P,; and the additional power required to overcome internal hydro-
dynamic friction Pj;,. Mechanical efficiency (E,,.;) is the ratio of the P, to P,, where the
shaft power P, = P, plus the mechanical losses P,,.;, namely the power due to bearing
friction, seal drag, internal rubbing, and so on. For incompressible flow, P,,, = [Ap (psi) X
Q... (gpm)/1714] hp or [Ap (bar) X Q.. (m*h)/36] kW, where Ap is the pressure rise of the
pump, and Q,,, is also the flow rate leaving the pump.

As in the case of centrifugal pumps, the above definitions yield the following relation-
ship of the component efficiencies with the overall efficiency:

E,.=E.; X Epa X E oy (5)

For rotary pumps, efficiency evaluation requires a significantly different perspective in
comparison to centrifugal pumps. There are several reasons for that. Centrifugal pumps
handle primarily low-viscosity liquids, typically under 100 cSt, while rotary pumps oper-
ate at much wider range of viscosities, often above 10,000 ¢St and at times reaching even
to 1,000,000 ¢St. The Hydraulic Institute developed a chart (Figure 11 in Section 2.1.1) to
correct centrifugal pump flow, head and power, when viscosities exceed normally very low,
water-like values, but such cases are very rare, and thus a need to apply those corrections
is rare. Also, centrifugal pumps can reach much higher power levels, as compared to rotary
pumps, and thus overall efficiency (£,,) evaluation, as it impacts energy consumption, is
more important for centrifugal pumps. In contrast, rotary pumps are typically smaller
(lower power), and their ability to deliver a constant (or nearly constant) flow rate, with lit-
tle dependence on system restriction (relative insensitivity of flow to system pressure), is a
consideration in the selection and application of rotary pumps. For these reasons, volu-
metric efficiency (E,,;) has historically played an important role in the world of rotary
pumps, while overall (E,,) efficiency is of primary importance in the world of centrifugal
pumps.

The above efficiency definitions for rotary pumps are stated as follows in equation
form. Volumetric efficiency is given by

E,=@Q.u/Qi=(Q;~S)Qy (6)
where
@, = theoretical (ideal) flow, in the absence of slip, = g, X rpm (7)

and where Q... = net flow rate leaving a rotary pump
S = slip (internal recirculation back to inlet)
g, = unit flow rate (constant for a given pump) per revolution
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Overall efficiency is formally stated as

Ep = PoulP, @8
where, assuming incompressible flow, useful fluid power is given by
P, = [Q.. (gpm) X Ap (psi)/1714] hp = @, (m%h) X Ap (bar)/36 kW )
and total fluid power (useful plus that which drives the slip) is
P,= [Q, X Ap/1714] hp = [, X Ap/36) kW (10)

The actual power P delivered to the fluid is Pyaugmented by the internal hydrodynamic
friction Py, :
P,=P,+P,, (11)

and the input shaft power delivered to the pump is the total fluid power plus the mechan-
ical losses:

P,=Pﬂ+P,,wc), (12)

Slip S and the viscous drag, P,., where,
Py = Prit + Procor (13)

are determined (usually by testing) by pump manufacturers. These are specific to each
design type and size and are published in pump catalogues as functions of pump speed,
differential pressure, and viscosity.

Volumetric efficiency has numerical significance only when comparing similar designs
(their comparative/competitive ability to maintain a constant flow rate with minimum
slip), operating at the same speed. The reason for this is that, for rotary pumps, the ideal,
theoretical, or displacement flow rate @, is directly proportional to pump speed, but slip
does not depend on pump speed, and only depends on differential pressure, viscosity, and
internal clearances. Consider, for example, a rotary pump delivering a required flow rate
of 90 gpm (20.4 m%h) at 1000 rpm, with 10 gpm (2.3 m¥%h) internal slip (the ideal flow rate
thus being 100 gpm or 22.7 m*h). The volumetric efficiency of this pump is 90/100 = 90%.
If this pump speeds up to 2000 rpm, its ideal flow will double (200 gpm or 45.4 m%h), but
the slip remains the same 10 gpm (2.3 m%h), with a net flow rate of 200 — 10 = 190 gpm
(43.2 mh), thereby yielding higher volumetric efficiency 190/200 = 95%, but too great a
flow rate as compared to the required amount.

If a competitive pump were presented for evaluation, operating at the same speed
(1000 rpm), same unit flow (g,) but with smaller clearances and a slip of only 5 gpm
(1.1 m%h), then its volumetric efficiency would be (100 - 5)/100 = 95%, which makes it a
more efficient design with regard to volumetric capability.

However, if the width of the gears of the 2000-rpm pump were reduced by half, its ideal
flow would be reduced to 100 gpm (22.7 m*h) with no change in slip, because end and radial
clearances remain the same, Volumetric efficiency would then become (100 — 10)/100 = 90%.
This altered 2000-rpm pump now has lower volumetric efficiency (a greater proportion of
slip), but it is also less expensive due to the halved gear length. These facts would need to
be evaluated together by the end user.

NUMERICAL EXAMPLE

The trends of the above example and the distinctions discussed between rotary pumps
(gear, vane, or lobe) and centrifugal pumps become clearer in the following series of per-
formance computations pertaining to a single rotary pump operating at two greatly dif-
fering viscosities (Cases 1 and 2) and at two greatly differing speeds at each of these two
viscosities (subcases of Cases 1 and 2). Most rotary pump manufacturers publish pump
performance curves showing four main relationships that enable these computations to
proceed. Specifically, Figures 15 through 18 illustrate these relationships for the pump of
this example.
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FIGURE 15 Ideal (theoretical) flow rate versus speed. This is typically a straight line, with a slope equal to pump
unit flow go (m%h = 0.227 X gpm) (Ranger, Inc.)

Figures 15 and 17 are plotted for convenience, because they can be alternatively calculated
from Egs. 7 and 10; but Figures 16 and 18 can be obtained only from the manufacturer’s
curves (internally tested values).

Case 1: Viscosity = 30 SSU (~ 1 ¢St)

Subcase 1.1: Speed = 100 rpm. Displacement flow rate: @, = g, X 100 = 0.17 X 100 =
17.0 gpm (3.86 m%h) (or read from Figure 15).

Results for Ap = 25 psi (1.72 bar)
Slip flow rate, S = 4.2 gpm (0.95 m%h) from Figure 16
Net flow rate, @,,, = 17.0 — 4.2 = 12.8 gpm (2.91 m*h)

Total fluid power P,; = Ap X Q,/1714 = 25 X 17.0/1714 = 0.25 hp (= 0.185 kW)
(or read from Figure 17)

Useful output power, P,,, = Ap X @,,./1714 = 25 X 12.8/1714 = 0.187 hp (0.139 kW)
Viscous power, P,;,. = 0.1 hp (0.075 kW) from Figure 18

Shaft power, P, = P, + P, = 0.25 + 0.1 = 0.35 hp (0.26 kW)

Volumetric efficiency, E,,; = @,../Q; = 12.8/17.0 = 75.2%

Overall efficiency E,,, = P,,/P, = 0.187/0.35 = 53.4%

Results for Ap = 50 psi (3.45 bar)

S = 8.4 gpm (1.91 m*h)

Q.. = 17.0 — 8.4 = 8.6 gpm (1.95 m¥%h)

P, = Ap X Q,/1714 = 50 x 17.0/1714 = 0.496 hp (0.370 kW)
P, = Ap X Q,,/1714 = 50 x 8.6/1714 = 0.251 hp (0.187 kW)
P,..=0.1hp (0.075 kW)

P,=P;+ P, = 0496 + 0.1 = 0.596 hp (0.445 kW)
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FIGURE 16 Relationship between internal slip and viscosity at several values of differential pressure. (m%h =
0.227 * gpm and bar = psi/14.5) (Ranger, Inc.)
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FIGURE 17 Total fluid power (minus power due to internal hydrodynamic friction or *viscous power”} versus
speed at several values of differential pressure (kW = hp/1.34, and bar = psi/14.5) (Ranger, Inc.}
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FIGURE 18 Viscous power loss versus viscosity, at several values of speed (kW = hp/1.34) (Ranger, Inc.)

E, = Q,../Qs= 86/17.0 = 50.6%
E, =P, P, =0251/0.6 = 41.8%

Results for Ap = 100 psi (6.89 bar)

S = 16.8 gpm (3.82 m¥%h)

Q... = 17.0 — 16.8 = 0.2 gpm (0.045 m%h)

P, = Ap X Q41714 = 100 X 17.0/1714 = 0.992 hp (0.740 kW)
P..= Ap X Q,/1714 = 100 X 0.2/1714 = 0.012 hp (0.009 kW)
P, =0.1hp(0.075 kW)

P, = P, + P, = 0992 + 0.1 = 1.092 hp (0.815 kW)

B, = Q./Q,=02/170=12%

E,, = P, /P, = 0.012/1.092 = 1.1%

Observation: The slip S appears to vary linearly with differential pressure. This is
not always the case for all gear pumps and is strictly coincidental in this particular
example.

Subcase 1.2: Speed = 550 rpm. Displacement flow rate: @, = g, X 550 = 0.17 X 550 =
93.5 gpm (21.24 m%h) (or read from Figure 15),

Results for Ap = 25 psi (1.72 bar)

S = 4.2 gpm (0.95 m*h)

Qe = 93.5 ~ 4.2 = 89.3 gpm (20.28 m*/h)

P,=Ap X Q,/1714 = 25 X 93.5/1714 = 1.364 hp (1.017 kW)

P, =Ap X Q,,/1714 = 25 X 89.3/1714 = 1.303 hp (0.972 kW)
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P,.. = 1.0hp (0.746 kW)

P, =P, +P,,, = 1.364 + 1.0 = 2.364 hp (1.764 kW)
E. = Q../Q, = 89.3/93.5 = 95.5%

E,. = P,./P, = 1.303/2.364 = 55.1%

Results for Ap = 50 psi (3.45 bar)

S = 8.4 gpm (1.91 m¥h)

Que = 93.5 — 8.4 = 85.1 gpm (19.33 m¥%h)

P,= Ap X Q41714 = 50 X 93.5/1714 = 2.728 hp (2.035 kW)
P, = Ap X @,./1714 = 50 X 85.1/1714 = 2.482 hp (1.852 kW)
P, = 1.0 hp (0.746 kW)

P, =P, + P,,, = 2.728 + 1.0 = 3.728 hp (2.781 kW)

E, = @Q,/Q;= 851/93.5 = 91.0%

E, = P../P, = 2.482/3.728 = 66.6%

Results for Ap = 100 psi (6.89 bar)

S = 16.8 gpm (3.82 m*h)

Qu = 93.5 — 16.8 = 76.7 gpm (17.42 m¥h)

P,=Ap X Q41714 = 100 x 93.5/1714 = 5.455 hp (4.069 kW)
P,.= Ap X @,./1714 = 100 X 76.7/1714 = 4.475 hp (3.338 kW)
P, = 1.0 hp (0.746 kW)

P, =P, + P;;, = 5.455 + 1.0 = 6.455 hp (4.815 kW)

E., = @Q./Q,= 76.7/93.5 = 82.0%

E, =P, /P, = 4475/6.455 = 69.3%

Case 2: Viscosity = 4000 SSU (~ 900 ¢St)

Subcase 2.1: Speed 100 rpm. Displacement flow rate: @; = g, X 100 = 0.17 X 100 =
17.0 gpm (3.86 m*¥h) (or read from Figure 15).

Results for Ap = 25 psi (1.72 bar)
Slip flow rate, S = 0.1 gpm (0.023 m%h) from Figure 16
Net flow rate, @,., = 17.0 ~ 0.1 = 16.9 gpm (3.84 m¥h)

Total fluid power P, = Ap X Q,/1714 = 25 X 17.0/1714 = 0.25 hp (= 0.185 kW) (or
read from Figure 17)

Useful output power, P, = Ap X @,../1714 = 25 X 16.9/1714 = 0.247 hp (0.184 kW)
Viscous power, P, = 0.18 hp (0.134 kW) from Figure 18

Shaft power, P, = P + P;,;, = 0.25 + 0.18 = 0.43 hp (0.32 kW)

Volumetric efficiency, E,; = @,./Q; = 16.9/17.0 = 99.4%

Overall efficiency E,, = P,,./P, = 0.247/0.43 = 57.4%

Results for Ap = 50 psi (3.45 bar)

S = 0.4 gpm (0.091 m%h)

Q.. = 17.0 — 0.4 = 16.6 gpm (3.77 m¥h)

P, = Ap X /1714 = 50 X 17.0/1714 = 0.496 hp (0.370 kW)
P..=Ap X Q,./1714 = 50 x 16.6/1714 = 0.484 hp (0.361 kW)
P, = 0.18 hp (0.134 kW)
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P,= P, + Py, = 0.496 + 0.18 = 0.676 hp (0.504 kW)
E.i=@Q,./Q; = 16.6/17.0 = 97.6%
E,, = P,,/P, = 0.484/0.676 = 71.6%

Results for Ap = 100 psi (6.89 bar)

S = 0.75 gpm (0.170 m%h)

Q. = 17.0 = 0.75 = 16.25 gpm (3.69 m%Mh)

P,= Ap X Q,/1714 = 100 X 17.0/1714 = 0.992 hp (0.740 kW)
P,,= Ap X Q,./1714 = 100 X 16.2/1714 = 0.945 hp (0.705 kW)
P,,. = 0.18 hp (0.134 kW)

P,=P,+ P, = 0992 + 0.18 = 1.172 hp (0.874 kW)

E., =Q../Q;= 16.25/17.0 = 95.6%

E, =P, /P,=0945/1.172 = 80.6%

Subcase 2.2: Speed = 550 rpm. Displacement flow rate: @, = g, X 550 = 0.17 X 550 =
93.5 gpm (21.24 m¥h) (or read from Figure 15).

Results for Ap = 25 psi (1.72 bar)

S = 0.1 gpm (0.023 m%h)

Qe =93.5 - 0.1 = 93.4 gpm (21.21 m¥%h)

P,=Ap X Q41714 = 25 X 93.5/1714 = 1.364 hp (1.017 kW)
Poc= Ap X Q,./1714 = 25 X 93.4/1714 = 1.362 hp (1.016 kW)
P, = 3.9hp (2909 kW)

P, =P, + P, = 1.364 + 3.9 = 5.264 hp (3.927 kW)

E., = Q,./Qs = 93.4/93.5 = 99.9%

E, =P,/P,=1362/5264 = 25.9%

Results for Ap = 50 psi (3.45 bar)

S = 0.4 gpm (0.091 m%h)

Q. = 93.5 — 0.4 = 93.1 gpm (21.14 m¥h)

P, = Ap X Q1714 = 50 x 93.5/1714 = 2.728 hp (2.035 kW)
P, = Ap X Q,./1714 = 50 x 93.1/1714 = 2.716 hp (2.026 kW)
P, = 3.9 hp (2.909 kW)

P, = P, + Py, = 2,728 + 3.9 = 6.628 hp (4.944 kW)

E,; = Q../Qs=93.1/93.5 = 99.6%

E, =P, /P, =2716/6.628 = 41.0%

Results for Ap = 100 psi (6.89 bar)

S = 0.75 gpm (0.170 m%h)

Q... = 93.5 — 0.75 = 92.8 gpm (21.08 m*h)

Py= Ap X Q1714 = 100 X 93.5/1714 = 5.455 hp (4.069 kW)
P,.= Ap X Q,/1714 = 100 X 92.8/1714 = 5.414 hp (4.039 kW)
P,.. = 3.9 hp (2.909 kW)

P, = Py + Pg,, = 5.455 + 3.9 = 9.355 hp (6.979 kW)
E,y=Q../Q, = 92.8/93.5 = 99.3%

E, =P, /P, = 5414/9.355 = 57.9%
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SUMMARY

1. Results
Speed 100 rpm 550 rpm
Ap 25 psi 50 psi 100 psi 25 psi 50 psi 100 psi

Viscosity = 30 SSU
Effu 75.2% 50.6% 1.2% 95.5% 91.0% 82.0%
Eff.: 53.4% 41.8% 1.1% 55.1% 66.6% 69.3%
Viscosity = 4000 SSU

Eff.a 99.4% 97.6% 95.6% 99.9% 99.6% 99.3%
Eff... 57.4% 71.6% 80.6% 25.9% 41.0% 55.9%

2. Observations

* Volumetric efficiency is very high at high viscosity due to low slip, regardless of pres-
sure and speed.

o At low viscosity and high pressure fotal efficiency tends to be very low.

o Higher speed helps fotal efficiency (due to low drag) at low viscosity but reduces it at
higher viscosity due to high viscous drag.

Pump Performance Figures 19, 20, and 21 show the change in displacement capacity @,
flow rate or capacity @, and slip @, as the differential pressure across the pump P; (= Ap),
the viscosity v, and the pump speed N are varied. Several assumptions are made in these
graphs. It is assumed that inlet conditions are satisfactory and that there is no inlet effect
on the pump capacity over the charted range. It is assumed that the fluid is Newtonian and
the liquid is incompressible. In Figures 19 and 20, it is assumed that viscosity is constant
and relatively low, and that the speed is within the normal range of the pump. In Figure 20,
it is assumed that both pressure and speed are within the normal ratings of the pump.

-~
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FIGURE 19 Varation of @, @,, and @, with P, N and v constant
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The graph in Figure 19 is plotted with the flow rate, slip, and displacement flow rate
on a linear scale as the ordinate (Y-axis) and pressure on a linear scale as the abscissa
(X-axis). A further assumption is that the clearances and viscosity are such that the slip
increases proportionately with pressure. The solid lines are the ideal characteristics when
secondary effects are neglected. It may be noted that at zero pressure, slip @, is zero and
Q@.equals @,. As the pressure increases, @, increases until it equals @, at pressure B. If the
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FIGURE 21 Varations of @, Q,. and @, with v, N and P, constant
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pressure imposed on the pump were to increase past this point, Q, would exceed @, and
the flow through the pump would be from outlet to inlet, causing a negative Q..

Although rotary pumps do not operate in this end of the pressure range, the condition
of pressure B can be reached when a valve is closed, blocking the outlet of the pump. Pres-
sure B, then, represents dead-ended pressure developed by a rotary pump when its outlet
line is blocked. Should @,be numerically equal to 100 in whichever units are used, then
the plot of . is numerically equal at each point to the volumetric efficiency E,,; of the
pump and @, becomes zero at pressure B.

Pressure B data is usually not available from pump manufacturers since these values
are usually far beyond the normal safe pressure rating of the pump. However, they can be
estimated by extrapolating the data given. Cautions should be observed, however. A flexi-
ble member can quickly reach a pressure at which flexible member deflection becomes
excessive, and the pressure at which @, equals zero is very quickly reached. This is illus-
trated in Figure 19 by the dashed line breaking away from the solid @ line and intersect-
ing the abscissa at pressure point A, This characteristic of flexible member pumps provides
a self-limited maximum pressure should the pump be dead-ended. In rigid rotor pumps, as
the pressure increases beyond the normal operating range, deflections of the shafts and
rotors bring the rotors into heavy bearing contact with the body chamber walls, reducing
the dimensions of the slip clearance path. The dashed line leaving the Q. and @, curves and
intersecting the abscissa and @, line at pressure point C illustrates this. Consequently, the
zero flow pressure, which is ideally at point B, may be considerably different from this
extrapolated value, and it should be measured if it is important to the application.

Under the same assumptions given for Figure 19, Figure 20 shows the relative indepen-
dence of the slip with speed when differential pressure is constant. Here the chart of @ inter-
sects the abscissa at the point where the speed is low enough for the displacement flow rate
to be equal to the slip at the pressure of operation. The speed at which @ equals 2 X @, is
the speed at which @, equals @, and the volumetric efficiency E, ; becomes 50%.

As the speed increases, the pumping action of the shear stress in the clearances tends
to reduce the slip below the ideal line. However, for most rotary pumps, the detrimental
effects of increasing the speed above the normal operating range is usually caused by inlet
losses in the pump. This effect is cavitation and is illustrated by the dashed line, for which
the net inlet pressure (N. I. P.) or NPSH is less than that required.

Figure 21 shows the effect of viscosity on the slip and flow rate in a rotary pump. The
graphs are on a log-log scale. In this chart, it is assumed that the pressure, speed, and vis-
cosity combine to keep the flow through clearances of the pump in the laminar or “viscous”
flow region.

As viscosity increases, slip @, becomes very small and the flow rate of the pump Q.
approaches the displacement flow rate @,. As the viscosity decreases, the slip very rapidly
approaches the displacement flow rate and the flow rate of the pump drops rapidly to zero
or to a negative quantity. For any given pump with speed /N and differential pressure P,
there is a viscosity below which the slip flow, through clearances of the pump, will change
to a turbulent flow. It is unlikely that this change will occur simultaneously through all
slip paths. However, once it begins to occur, the slip will increase much more rapidly with
further reductions in viscosity because of the turbulent flow relationship of the slip, pres-
sure, and viscosity expressed in Eq. 14:

KPy*

Ix

Q, (14)

v
where x usually is in the range of 4 to 10, and K is a constant.

Volumetric efficiency E,,, drops very rapidly with the viscosity if the viscosity is lower
than that required for 50% volumetric efficiency (represented by the crossover point of the
slip and capacity curves). This crossover point oceurs for most rotary pumps operating at
rated differential pressure P, for viscosities between 0.1 and 10 centipoise. For the major-
ity of commercially available models, this point usually falls in the viscosity range of 0.3
to 3.0 centipoise at the maximum rated differential pressure.

The effect of inlet pressure on the capacity can be seen clearly if all secondary effects are
eliminated. This assumes the pump is operating within its normal pressure limits and speed
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3.8 VANE, GEAR, AND LOBE PUMPS 3.153

range and that viscosity is high enough to reduce the slip to a negligible value. A graph of
the capacity as a function of inlet pressure is shown in Figure 22 with these assumptions.
There is no change in capacity or flow rate as inlet pressure is lowered until the pres-
sure reaches pressure A on the graph. If the inlet pressure were lowered further, the flow
rate would drop as shown. The cause of this drop is complex in detail but simple in concept.
The liquid flow from the inlet port through the inlet chamber of the pump causes a pres-
sure drop, which causes a minimum pressure point somewhere in the inlet chamber. When
the pressure in the liquid at this minimum pressure point approaches the vapor pressure
of the liquid, vapor begins to form there. When the amount and time persistence of this
vapor cause the vapor to be swept into the CTIO volume of the pump, the amount of liquid
in this volume is reduced, leaving a deficiency of liquid volume. For example, if half the
fluid volume swept from the inlet chamber is vapor, then only half the normal-capacity
liquid volume is available at the outlet chamber, and the flow rate is reduced accordingly.
An increase in speed would mean an increase in flow rate, all other things being equal.
This would increase the pressure drop between the inlet port and the inlet chamber and
correspondingly increase the absolute inlet pressure (which is measured at the inlet port)
at which the flow rate would begin to drop (pressure A). Correspondingly, if the speed and
flow rate were constant and the viscosity increased, the pressure drop between the inlet
port and the minimum pressure point in the inlet chamber would increase with viscosity.
This also would cause pressure A to move to higher inlet absolute pressures. Operation
with absolute inlet pressures below pressure A for any given speed and viscosity is usually
unsatisfactory both because of the drop in capacity (and hence in volumetric efficiency) and
because of the noisy and rough operation caused by the formation and collapse of the vapor.
For lower viscosity liquids where the collapse of the vapor bubbles may be quite rapid, cav-
itation may cause a significant amount of damage to the body or rotor surfaces. It is impor-
tant to understand that cavitation damage may occur even though the absolute inlet pressure
is above pressure A. Locations may be found in the inlet chamber, particularly where the flow
direction changes rapidly, as around sharp corners, where vapor formation in the form of very
fine bubbles, and hence cavitation, may occur. However, these vapor cavities may be swept
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FIGURE 22 Varations of Q. and P, with other operating conditions constant
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3.154 CHAPTER THREE

into higher pressure regions of the inlet chamber and collapse near body or rotor surfaces to
cause cavitation damage, although the capacity of the pump is not affected. For any given vis-
cosity then, there is an upper limit to the speed at which the pump can be operated.

The inlet pressure may be allowed to drop slightly below pressure A without a signifi-
cant deterioration in pump performance. However, there is a point at which the pressure
becomes too low for satisfactory pump operation. This pressure determines the required
net inlet pressure P, or NPSHR for the particular pump and the particular set of oper-
ation conditions. For any given set of operating conditions, satisfying the required net inlet
pressure or NPSHR is a main limitation on the pump operating speed.

The other main limit on the pump operating speed is the pump outlet pressure. In every
application, some fluid frictional losses occur in the outlet system of the pump. Even if the
pump outlet is opened to the atmosphere, a pressure drop exists between some maximum
pressure point in the pump outlet chamber and the pump outlet itself. However, by far, the
most common situation is one in which a significant fluid friction pressure is developed in
the system external to the outlet of the pump. This fluid pressure usually is a function of
pump capacity and therefore of pump speed. If the inlet conditions are maintained to keep
the inlet pressure above pressure A as the pump speed increases, a speed will be reached at
which the pump outlet pressure equals the outlet pressure rating of the pump. Operating at
speeds higher than this will cause the pump outlet pressure to exceed the rated pressure
and this could result in damage to the pump.

In most applications, one of the two limits described determines the maximum permitted
speed of pump operation. However, if neither of these conditions limits the speed and the
speed is continuously increased, a speed will be reached at which the peripheral velocity of
the rotors will exceed the cavitation velocity of the liquid. A further increase in speed beyond
this point would be limited by the cavitation occurring at the rotor outer radial surfaces.

SPECIFICATIONS, INDUSTRIES, AND APPLICATIONS

In addition to the many application-oriented classifications for vane, gear, or lobe pumps,
many technical classifications are also issued by various industrial, governmental, or even
military organizations. It is also important for both the manufacturer and the user to
know of any voluntary or regulatory specifications governing the construction and mate-
rials of the pumps destined for use in a specific industry and application.

Many industry-based specifications, such as the International Association of Milk, Food,
and Environmental Sanitarians, the United States Public Health Service, and the Dairy
Industry Committee, have jointly issued specifications called “The 3-A Sanitary Standards
for Pumps for Milk and Milk Products.” These standards govern the materials of construc-
tion of the pump, the surface finish and shape details of the contact surfaces, the finish and
shape of external surfaces, the method of mounting, and restrictions on gaskets, seals, and
other pump auxiliary features. Pumps constructed to meet 3-A Sanitary Standards are
called sanitary pumps and carry a 3-A seal of approval mounted on the pump body. Similar
specifications have been developed by the International Association of Milk, Food, and Envi-
ronmental Sanitarians, the United States Public Health Service, the United States Depart-
ment of Agriculture, the American Poultry Industries, and the Dairy and Food Industries
Supply Association to cover design features used in the handling of cracked eggs.

Standards for pumps used in various processes in the petroleum industry are con-
cerned with the materials and design features that are intended to prevent catastrophic
failures when explosive, flammable, or toxic fluids are being handled. Others generated by
governmental agencies and professional societies, such as the American Society of
Mechanical Engineers and the American Petroleum Institute Standard 676, establish
manufacturing procedures and design limitations on pumps for refineries, nuclear power
stations, and so on. In these cases, the terms sanitary, aseptic, explosion proof, API pump
or N stamp are not merely generic terms and cannot be casually applied. They must
instead be carefully applied and used only when the manufacturer warrants that the
pumps actually meet these specifications. In addition, as an unavoidable consequence, the
cost of manufacturing pumps to meet any of these standards makes them more expensive
than pumps built for general service applications.
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TABLE 2 Markets and applications

3.155

Animal Renderings Industry

General Industry and OEMs

Generel transferring to burners of:
animal feed

beef by-products

bone meal

molten fats

poultry by-products

Automobile Industry

Distribution and assembly line
supply of:

* grease

® lubricating oil

* motor fuel

.

.

paint, Jacquers and thinners
test stand systems

Chemical Industry

Any process or distribution system
handling of:

acids

adhesives

bleaches

caustics

cellulose acetate

glycerin

nitrates

e o 00 00 e

Cosmetics and Soap Industry

Nonemulsifying supply to
packaging machinery of:

* detergent

® lanolin

* liquefied soap

¢ shampoo

Food Products Industry
General process transferring of:
coconut oil

corn oil

fish oils

glucose

glycerin

lard

milk and milk by products
molasses

palm oil

sucrose solutions
vegetable shortening

Various fluid handling requirements for:

* burners and heater sets

* centrifuge separator systems

* cooking fat filtration units

¢ filtering and metering units

¢ fluid reclamation systems

hydraulic auto lifts and elevators

lube oil supply units for rotating
equipment

machinery coolant and lubricant
circulation

paint spray booths

roofing tar systems

textile dyeing and printing machinery

wood preservation machinery

Marine Industry

Unloading, tank stripping and engine
room supply of:

® asphalt

* heating oil

® heavy fuel oil

¢ marine diesel oil

¢ lubricating oil

¢ molasses

Paint and Lacquer Indus

Various process handling applications for:
* dyes and pigments

* lacquer

¢ latex

* paint

¢ titanium dioxide slurry

¢ thinners and solvents

Petroleum Industry

Blending, packaging, and unloading of:
® asphalt

® bitumen

® creosote

® grease

® fuel oil

® heavy fuel oil

® lubricating oils

Pulp and Paper Industry
Various general mill and coating
applications for:
adhesives

black liquor

de-inking solvents

fuel oil

printing ink

sulfate soap

tall oil

titanium dioxide slurry
turpentine

viscose

waste pond recycling
white liquor

Plastics and Petrochemical Industry

Process transfer of;
cellophane

epoxy hardener
film dope
insulation coatings
isocyanate

polyol

polyester

rayon

Public Utilities and Power Stations

General transfer and supply of:

® central lubrication systems

® fuel oil supply to burners

® oil pressure for damper controls

® transfer of gashouse tars,
creosote, etc.

Steel Industry

Circulation and supply of:

* coolants

® quench oils

® lube oil to rolling mills

® hydraulic il to hydraulic lifters

Rotary pumps are used for both metering and transfer applications; although, small
diaphragm metering pumps are now more common. Metering pumps tend to be smaller
and operate with varying flow rates. Transfer pumps typically have a fixed speed, although
variable speed units are becoming more common as the cost for this equipment falls.

In general, the three most basic applications for these pumps are as follows:

1. Liquid handling In this class, well over 2,000 fluids are pumped and performance
is judged on the pump's capability to handle the specific liquids, and the hydraulic
power generated by the pump is a secondary consideration.

2. Hydraulic fluid power In this class, the hydraulic power generated by the pump
is used to actuate valves, pistons, cylinders, rotary actuators, and similar devices.
Pumps in this class are usually special vane, gear, piston, or screw types and are
designed for pressures up to 9,000 Ib/in? (620 bar) on selected hydraulic power fluids.
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3. Commercial and retail In this class are the pumps designed for a single specific
use, application, or even fluid. Pumps in this miscellaneous class include everything
from miniature pumps for home aquariums to well water pumps for agricultural use
to fuel injection pumps for automobiles.

Among these three application areas, the most common is liquid handling tasks, and
they make up the largest percentage of uses for rotary vane, gear, and lobe pumps.

Markets and Applications The markets and applications served by vane, gear, and lobe
pumps are among the broadest of all rotary pumps. Although it would not be possible to
list every application served by these pumps, a broad sampling of the more common ones
is shown in Table 2.
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